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ABSTRACT

This report summarizes the result,. of an effort to assess the existing know-
ledge and plan the required experimentation in the area of turbine blade-tip
excitation forces. The work was carried out in three phanes, which are documen-
ted in Sections 1, 2 and 3 of this report, respectively. The first was a litera-
ture search and evaluation, which served to highlight the state of the art and to
expose the need for an articculated theoretical -experimental effort to provide
not only design data, but also a rational framework for their extrapolation to
new configurations and regimes. The second phase was a start in this direction,
in which several of the explicit or implikcikt assumptions contained in the usual
formulations of the Alford force effect were removed and a rigorous linearized
flow analysis of the behavior of a non-symmetric actuator disc was carried out.
In the third phase of the work we conducted a preliminary design of a turbine
test facility that would he used to measure both the excitation forces them-
selves and the flow patterns responsible for them, and do so over a realistic
range of dimensionless parameters.
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LIST OF

A	 = Contact area in heat exchanger. Also turbine annulus area

At	 - Flow aroa in heat exchanger

cx,c„ = Absolute flow velocity components

cxl ,cy = Perturbations of the above

cp (cv) = Specific heats at constant pressure (volume)

C	 = Blade chord

Cxx,Cxy,Cyx,Cy,. = Damping coefficients of shaft due to fluid effects

Cij	 = Generic damping coefficient

D	 = Diameter

e = Turbine disc eccentricity

f = Pipe pressure loss factor

f = Turbine disc force per unit perimeter

f ld = Same, ideal

Fx,Fy = Total x and y forces on disc

FTOT = Azimuthal net turbine force (= Torque/w)

G = Mass flux,	 ou

h = Heat transfer film coefficient

H = Blade height

iex = Brake excitation current

I = Brake load current

Ko	= Structural shaft stiffness

Kxx,Kxy,Kyx,Kyy = Stiffnesses of turbine shaft due to fluid effects

Kij	 = Generic stiffness (i,j = x,y)

ki j	 = Kij/Ko

KG ,KV ,KC ,KTOT	 = Constants defined in Sec. 3.6

Kcell- Kbar ,KTOT = Stiffnesses (Sec. 3.7.4)

m	 = Mass flow rate

M	 = Rotor mass

X	 = Molecular mass

P	 = Pressure, Power

Pr	 = Prandt: number

Q,Qg = Torque to brake

rm	= Turbine mean radius
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R	 = Turbine mean radius Also degree of reaction

Re ,Rey = Reynolds Number

Ri ,RL - Internal and load resistances of brake

s	 = Clearance

t	 = Time. Also tip clearance (Sec. 2)

T	 = Temperature

ux ,uy = Absolute flow velocity components

U	 - Peripheral wheel speed

uB	= "Bypass velocity" - ma ux/mt

us	= Ideal total turbine wheel force in azimuthal direction (Sec 2)

V	 = Volume. Also, brake voltage

W	 = Turbine specific power

a	 = Sensitivity of local efficiency to blade-tip clearance (Sec 1.1)

a	 = Specific area of heat exchanger (Sec. 3.5.2)

a2 (a3 ) = Stator (rotor) absolute flow leaving angle

a	 = Alford coefficient = (RH/Q)Kyx

91	 = Stator incidence angle

82 (5 3 ) = Stator (rotor) relative flow leaving angle

Y	 = cp icv, specific heat ratio

pax	 = Axial (stator-rotor) gap

do	= Nominal radial gap

AP	 = Pressure drop

X 	 = Brake load control parameter

u	 = Viscosity

n	 = Efficiency (local)

no	 = Efficiency at zero clearance

w,n	 = Rotational speed

n	 = Whirl or vibration frequency

1`L ()I c) = Turbine (compressor) pressure ratio

0	 = Density

A	 = Azimuthal coordinate

C, j	= Dimensionless damping factor = Cij12 3 K01d

y	 = Loading parameter = specific enthalpy extraction/U2

W	 = Stream function (Sec. 2)
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1. A Literature Review on Alford Forces and Related Effects

1.1 Basic Concepts

The term "Alford force" is used in the U.S. to denote the cross-forces
arising in turbomachinery as a consequence of uneven clearance gaps due to
shaft displacements during vibration. An equivalent European designation
is "Thomas force." The names are taken from the pioneering publications of
J.S. Alford (Ref. 1, 1965) and H.J. Thomas (Ref. 2, 1958), who independent-
ly proposed essentially the same mechanism to explain observed "aerodyna-
mic" instabilities in high power steam turbines (Thomas) and jet engines
(Alford).

This mechanism is clearly illustrated for a turbine in Fig. 1.1,
adapted from a recent paper by F. Ehrich and D. Childs (Ref. 3) in which
an excellent overview is given of the known sources of self-excited turbo-
machine vibration. In essence, the higher efficiency in the area of closer
tip clearance implies a larger forward aerodynamic force, and the net
result is a force on the wheel which tends to feed into a forward whirling
motion.

The essence of the argument used by both Thomas and Alford is as fol-
lows: the local efficiency n (for the case of a turbine) can be thought
of as the ratio of the actual azimuthal force f per unit perimeter to the
ideal force f id . From data on concentric turbines at various values of
the clearance s, it is known that n varies more or less linearly with the
fractional clearance:

T7	 nJ 0	 a rl
	

(1.1.1)
is

where no is the efficiency at zero clearance, H is the blade height, and
a is of order unity (See Fig.1.2). When the shaft is off-center in the
x-direction by ex , the local gap is approximately s - s o - ex cos 6,
where 6 is measured from the point of smallest gap. Therefore, assuming
the local efficiency behaves in the same way as that of a centered rotor,

f = f id nD 
(I - a++ a

 H
e  cos d )
	

(1.1.2)

Projecting in the transverse direction, the total y-force will then be

e
Fy = j

o
2n f cos 6 Rd6 = f id nD a H

x 'T
	 (1.1.3)
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or, in terms of the "total tangential force" w 21vRf id . Ftotid

(Torque/R)id.,

tot an  ex
Fy	 F

id 2 H
(1.1.4)

The group ad o/2 is called k2 ("excitation coefficient") in the German
literature, or 3/2 (0 . Alford coefficient) in the U.S. literature. Its value
ranges, as we will see, from zero to about 3, depending on turbine design and
operating point.

In turbines with no tip shroud band, this is the dominant mechanism for
cross-force excitation. For shrouded turbines, on the one hand the sensitivity
of n to gap is reduced (smaller a) but, on the other hand, nonuniform pressure
distributions arise in the seal gap. This leads to additional, and often
dominant, cross-forces, since the maximum and minimum of pressure do not line
up with the direction of shaft displacement. The existence of this unsymmetric
pressure pattern is closely related to the inlet flow swirl into the seal. The
following simplified argument will help to understand the effect.

In a labyrinth seal gland, the fluid is sheared between an outer, station-
ary cacinq, and the rotor surface, and if no other effects were presait, would
acquire an azimuthal mean velocity which would be a certain fraction of the
rotor linear speed. If the fluid arriving at the seal happens to have just
this limiting azimuthal velocity, no change in it is required across the
sealing strips (despite the jump in pressure). If the arriving azimuthal
velocity is higher than the limit, and the seal is centered, the tangential
flow speed in the gland is simply raised somewhat; but if the seal is
off-centered, more azimuthal momentum is Imparted to the fluid in the wider
region, where the flow into the gland is higher, than to that in the narrow
region. The result is a positive pressure gradient in the swirl direction over
the wider zone, and a negative one in the narrow zone. The pressure peak
happens ahead of the narrowest point, and the resultant pressure force is in
the forward whirl direction. The opposite happens for inlet swirl below the
limiting value.

In a 50% reaction turbine with axial exit the flow leaving the stator
blading nas an azimuthal velocity equal to the wheel speed, and so it will
already be above the limiting value as it enters the turbine shroud seal (as a
rough estimate, the equilibrium azimuthal speed in the gland can be taken to be
50% of the wheel speed). Thus, some excitation of forward whirl will occur.

in an impulse turbine, the fluid enters the rotor seal at twice the wheel
speed (i.e., with ti 150% of wheel speed in excess of the limit), and so we can
expect excitation forces about three times larger than for a 50% reaction case.
on the other hand, if guide vanes are introduced to cancel the inlet swirl in
the near-wall region, we can expect a reversal of the excitation forces; this
was actually observed by Wohlrab in one test. (Ref. 12).

3
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The importance of these cross-forces on the rotor dynamic stability can be
readily illustrated by a linear spring-mesa-damper analysis (Ref.15). For a
shaft of mass M and elastic stiffness Ko, assume the fluid effects produce
forces

Fx	_K xxx + Kxy y - Cxx x + Cxy y	 (1.1.5)

Fy	 -Kxy
 x - Kxx y - Cxy x - Cxx Y	 (1.1.6)

where x and y are the small cross-displacements of the shaft center during
vibratory motion. It is then found that the complex displacement vector,
z - x + i y , will vary (with no external excitation) as exp(i0t), where

(	 t 1'— k	 - {	 - i (z = k	 -	 )	 (1.1.7)
3Ko/M/M	 2 xx	 xy	 2 xy	 xx

and

K^

	

s _._'^	 (1.1.8)K ij = Ko	 4ij	
2r ©M

which are asssumed to be small in magnitude.

we notice that:

(a) One of the two modes of vibration ( forward or backward whirl) will become
unstable if 1/2 1 xxy 1> bxx , or J KxyI > 00 Cxx, where P. = 3Ko/M is the
undisturbed natural frequency.

(b) The effect of a direct stiffness K xx on the cross-damping (xy) is a small
modification of the whirl frequency away from the natural frequency.

Thus, unless the machine has sufficient intrinsic direct damping Cxx,
or unless the fluid effects themselves provide it, an instability will
result due to the cross-force stiffness Kxy . Thus, although the fluid effects
are known to also produce direct stiffness K. of the same order as Kx
(Refs. 7, 12), most attention has been focused on the cross-effect. An exception
to this has been the utilization of the stiffening effect of cylindrical seals
to raise the natural frequency of the SSM6 turbopumps (Ref. 33).

5
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1.2 Early Work ^n Clearance-Induced Excitation Forces

The seminal papers of Thomas and Alford have already been mentioned.
Although their concepts were soon accepted and used by practicing engineers
for dewign and diagnr..-tioc purposes, experimental confirmation was slow in
coming, and then, mostly in Germany, and theoretical refinement is still
lacking. Early tests of a limited nature, were made by pollmann (Ref. 4)
and Winter (Ref. 5), and later, more gt.antitative.work was initiated by
Thomas' co-workers at Munich (Ref. 6). This opened the way for the much
more comprehensive series of tests carried out later by this same group,
which we analyze in more detail in the two following subsections.

1.3 Review of K. Urlichs' work (1975) (Ref. 7)

This is the first of two major pieces of work performed at the
Munich Technical University under the supervision of Dr. H.J. Thomas,
both completed in 1975 (the other one is by R. Wohlrab and will be
subsequently discussed).

Urlichs set out to refine, analytically as well as experimentally,
the understanding of turbine tip excitation effects, with special
emphasis on tip seal behaviour. Some passing attention was also paid
to effects oceuring in unshrouded blades. The author gives a review
of previous work, by and large done in Germany. As is common in the
European literature, the credit for identifying the transverse forces
due to anisotropic tip clearance losses is given to H. J. Thomas for
his 1958 work (Ref. 2), rather than to Alford (Ref. 1), as is more
often done in the U.S. literature. The work of Winter at Darmstadt
(Ref. 5) is mentioned as having reviewed and compared expressions for
tip clearance losses. Traupel's book (Ref. 8) is often used as a
basic source for such expressions, and the one used for reference
throughout Urlich's (and Wohlrab's) work gives the side force excita-
tion coefficient (one half of the Alford d factor, in U.S, parlance) as

1	 k,
	 do i f' k '
	

d 
K : _	 (	 ds	

2 V Z sin a, 
om	 V Z " sin 8; m

where do is the stator seal diameter, d E the rotor seal diameter,
dm the mean blade diameter, E' and E" the stator and rotor blade
length, respectively, a: and Q: the stator and rotor leaving
angles (measured from the azimuthal direction) and Z' and Z" the re-
spective stator and rotor number of sealing strips; k' and k" are
dimensionless coefficients given in graphical form and having values
of about 0.7 for unshrouded blading and from 0.2 to 0.6 for shrouded
blades, depeneing on loading.

To this Ki s must be added a similar Kt d attributable to direct

6



pressure forces actinS unevenly over the shroud surface. The overall
K , then determines the cross-force Q: s as

e
Q26 w K2 Us k

whore Us is the isentroplc azimuthal force mAh s/U (fin n mass
flow rate, 6hs • specific enthalpy drop for isentrepic expansion, U
peripheral velocity). Also, o is the rotor eccentricity and t the blade
height.

Regarding the Ki d (pressure) component, Urlichs, after giving a
physical explanation of the effects involved, discusses existing (to that
time) calculational methods for seal excitation forces. Alford's paper
(Ref. 1) is mentioned in this respect, not in connection with tip clearance
forces, but in connection with his more controversial postulated effect of
the axial variation of sealing gap width in labyrinths. As a general
treatise on non-contact seals, rrutnowsky's book (Ref. 9) is quoted;
however, on the specific area of excitation forces, Koetyuk' n 1972 paper
(Ref. 10) and Hochreuther's 1975 thesis (Ref.11) at Stuttgart are recom-
mended. This is an area where significant advances have occurred after
Urlichs' work and which we will review separately (Secs. 1.6, 1.7).

f;

	

	 The body of the theoretical work of Urlichs is devoted to an elaborate
model of the flow in non-contact gas seals, including both plane and lnby-
rtnth types. The flow is subdivided into a finite number of "streamt'abes,"
x.. •h of which is itself subdivided along its length. This finite element
approach has the peculiarity that the element corners are not predeter-
mined, but are found in the process of the iterative calculation, somewhat

I	 akin to computational methods which use the stream function as an indepen-
dent variable. The equations of continuity, momentum and energy am satis-
fied, making use along the way of a number of empirical coefficients to
account for friction, flow turning, contraction, etc. The solution is
found by a nested set of iterations. The presence of so many adjustable

j	 constants and the laboriousness of the process detract somewhat from the
lI	 value of this work, but on the other hand, it does appear to have the

flexibility required to effect computations for a variety of seal geo-
metries and, as we will see, it can give good predictions on the presure
patterns existing in off-centered seals.

More directly applicable is the part of the work devoted to the exper-
iments. These were done in an air, open loop test rig, operating at near
atmospheric pressure, with flow rates of up to 0.4 Kg/sec (which restricted
the achievable Reynolds' numbers to below 10 ). Static rotor offsets
only were considered, and these were obtained by displacing the casing on a
fixed rotor. The rotor was supported on bearings mounted on a bar frame
which allowed all translations, and which was restrained laterally by stiff
load cells, and axially by thrust-relief cables. A counterweight was used
to support most of the vertical load, and a brake to absorb the turbine
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power (up to about 4 KW).

The rotor was about 32 cm in diameter, with blades 2 cm high and about
1.5 cm in choed. Stage pressure drops ranged up to 0.2 atm., yielding
azimuthal forces U s of up to some 100 N.

A great deal of effort went into making detailed measurements of the
small pressure variations about the periphery of the rotor and stator
seals. This was done using U-tubes, with precision down to % 1 mm Hg (0.02
psi; or, about 1.4 mb) which proved sufficient, since most pressure
patterns were roughly sinusoidal, with amplitudes of some 6 mb per 0.1 mm
shaft offset. These measurements allowed the author to separate the
contribution of pressure (K2 d ) and tip clearance variations (K2s) to
the excitation cross-force.

The turbine tested had impulse blading, without and with shroud seals
(and these with either 2 or 3 strips). with no shroud, K2 was found to
range from about 1 to 3, increasing markedly with the axial gap between
stator and rotor, and decreasing as the mean radial gap increased. These
trends are not predicted by the simple Alford (or Traupel) formulations,
but the general trends with eccentricity (linearity was found) and load
were as predicted and so was, in a general way, the value of K2.

With shrouds, the efficiency increased subst"ntially, particularly with
the stepped 3-strip labyrinth. Simultaneously, the sensitivity of this
efficiency to tip clearance was reduced, leading to the expectation of a
reduced excitation coefficient. In fact, the measured K2 was generally
higher than without a shroud; the excess was shown to be consistent with
the effect of the measured asymmetric pressure pattern on the shroud's
outer surface, as well as with that predicted by the author's theoretical
calculations (with proper selection of empirical constants). This
pressure effect tended to account for 50% of the measur+d force.

With the apparatus used, no separation was possible between stator and
rotor effects. However, some measurements were also reported on the effect
of rotor inclination; these were found to be generally small and to have
little effect on stability. Similarly, the forces in the direction of
offset were also reported, but their effect is minimal, due to the
competing effect of the large shaft stiffness.

1.4 Review of R. Wohlrab's work (1975) (Ref. 12)

In comparison to Urlich's work, the companion work by Wohlrab featured
more realistic Reynolds' numbers (up to 2x10 based on inlet velocity,
roughly 5x10 based on leaving velocity), while at the same time
providing less detailed information on pressure distributions. Wohlrab
also separated the stator and rotor effects by providing for independent
offsets, and he verified his force measurements by means of direct
kinematic (vibratjon) tests.

8



Wohlrab's theoretical discussion is similar to that of Urlich's, i.e.,
based on Thomas' and Traupel's simple theories. His report does not
attempt any new analytical development.

The test apparatus was part of a closed air loop capable of pressuriza-
tion up to 6 atm. and of flow rates up to 6-8 Kg/see. With rotation rates
up to 5000 RPM, the brake power was as high as 400 KW. The rotor was
supported by two pairs of perpendicularly arranged load cells, with a cable
to absorb thrust. F.s was mentioned, the rotor and stator casings could be
separately displaced in the transverse direction, and axial displacement
was also allowed. The turbines tested had a mean diameter of 46 cm and
blade height of 4 cm. Wohlrab tested two 50% reaction stagas (stage A,
with many small buckets, B with larger, thicker blades), one impulse stage
(stage C), and a 3-stage turbine similar to stage B. All the turbine rotors
had sealed shrouds, but only that in stage C was a continuous band.

No attempt was made to map the pressure distribution over the seals.
Instead only side and direct forces were measured and reported for a large
variety of operating conditions.

With stage A, one surprising result was the finding that many of the
curves of side force vs. offset were markedly nonlinear, some quite
irregularly shaped. No explanation was offered for this, but a potential
cause may have been the intrusion of measurement errors, since the forces
were smallest for this particular stage (K, % 0.5). This smallness
resulted from two ca.:seu: (a) The small chord of the blades, and (b) The
small inlet swirl to the shroud seal, since 50% reaction blading was used.
The measured K: was only about 1/2 of that predicted by Treupel's gap
loss formula, a result which is also at variance with those for the other
stages.

With stage B, featuring larger blades, k: was more linear with off-
set, and its magnitude was generally comparable with Traupel's prediction
(although with scatter). Very similar results for K2 were obtained from
the 3-stage turbine, which had similar blading.

The results for stage C (impulse) are similar to those obtained by
Urlichs, i.e., K2 was found to be 2-3 times larger than the gap-loss
prediction, with the excess being roughly explainable by the large pressure
non-uniformity on the shroud surface. This was here a continuous band, and
was subject to a strong inlet preswirl (,the stator leaving angle was 130
only). The range of K2 was from 2 to 3. The force was quite linear with
displacement, also as in Urlich's case.

Wohlrab tested stage C for a range of air dens#ties which must have
varied the Reynolds no. between 2.5 and about 5x10 (based on chord and
leaving velocity). Interestin gly, this did not produce any significant
variation in K:; this is consistent with the existence of a criti-al

9
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Reynolds no. range at lower values (1-2x10 4 ), as will be discussed in

Sec. 3.1.

The dominant effect of inlet preswirl was clearly demonstrated by
adding meridional guide vanes in the labyrinth in stage C. With the vanes
extending throughout the three glands, and hence probably cancelling the
flow swirl, the value of Kz went to essentially zero. Curiously, K2
became negative, when the vanes were placed only ahead of the first seal-
ing strip. This can be understood in terms of our discussion of seal
pressure effects in Sec. 1.1. With vanes throughout, both the inlet and
the limiting velocities are zero, and no differential energization of gland
swirling motion occurs. With only the inlet swirl cancelled, the limiting
azimuthal speed is still of the order of half the wheel velocity, and so
the flow enters below this limit, and reverse excitation can be expected.

Finally, Wohlrab modified the support system, suspending each bearing from
bar springs and dampers, and performed vibrati=n, or kinetic tests on the same
turbines. The frequency of vibration. (whirl frequency/rotation frequency of the
o:der of 0.1) was, however, much lower than would to expected in an actual
turbine of the same power, with the result that the tests can mostly be regarded
as quasi-static in nature. This is compounded by the relatively poorer accuracy
of the data collected in this manner. Wohlrab was able to obtain K2 kinetic
data which agreed fairly well with those obtained from force measu-ements, but
his conclusion that velocity-dependent effects are unimportant does not appear
justified from the data. This is a difficult area where more work is still
necessary.
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1,5 More Recent Work on Al:...d Forces

Vance and Laudadio (Ref, 13) have recently performed the only experi-
mental measurements (to this author's knowledge) on Alford forces in the
U.S. For their tests they used a small fan (torque under 0.1 Nm, speed to
7000 rpm) with a movable casing. Thar fan bearings were mounted on very
flexible springs to allow measurement of the small crone forces (lose than
10 grams). No attempts were made to measure airspeed n or pressures.

Vance and Laudadio confirmed the linearity of the crose-force with off-
set and with torque, but noticed a non-zero torque threshold below which
these forces did not appear. The a factor was found to depend both on
torque and on speed at constant torque, and was in the range of 0.5 to
2.5 (Kr betwen 0.25 and 1.25). A three-parameter non-dimensional expres•
sion was proposed for the cross-force Fy, of the form

FAD _ x D V
T	

f 
( H ' H ' ND)

(1.5.1)

where D is diameter, T is torque, x is the offset, H the blade height,
V the axial flow velocity and N the angular velocity. This would re-
place the simpler form FyD /T - 2 Tx/D H used by Alford, but the
authors did not provide enough data to determine the functional form of
(1.5.1).

1.6 Theoretical Understanding of Labyrinth Seal Forces

Early +ttempts to explain the occurence of strong cross-forcea on
eccentric labyrinth seals were based on extrapolations of known phenomena
in journal bearings, such as Lomakin's effect, or oil whip. Alford, in his
1965 paper, postulated a mechanism for side force generation which was
based on a non-symmetric rate of gas storage in a gland following an offset
of the shaft. However, rapid equilibration can be expected due to azimuth-
al flows in the gland, and the effect may riot be too significant.

We have also mentioned Urlichs' analysis of seal flows. His method applies
probably more to a planar seal than to a labyrinth, although both are covered in
the formulation. Starting with Kostyuk (Ref. 10), specialized fluid-mechanical
formulations have been introduced and refined, generally based on linearization
of the equations of conservation of mass, momentum and energy, written in integ-
ral form for each glar:d and supplemented by a few semi-empirical factors to
account for friction, venacontracta and kinetic energy carryover. Representative
of this line of analysis are Iwatsubo (Ref. 14) and Lee, et al. (Ref. 15), among
others. Ref. 15 presented a comparison of the predictions of this linearized
theory to the measurements of Ref. 21, and found agreement to within t 204 over a
wide range of parameters. The achievable accuracy appears to be limited mainly
by uncertainty in the specification of discharge coefficients for flow over the
sealing strips. The classical formulations of Egli (Ref.16), or Komotori (Ref.
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17) hav , been used, but are insufficient for many geometries of interest. Tur-
bulence modeling in two- or three-dimensional computational fluid mechanical
calculations has also been tried, with only limited success in terms of accuracy
(Ref. 18), which is not surprising considering the complexity of the recirculat-
ing, separated flrws involved. Attempts at direct Nevier-Stokes computational
aimulatiin of cavity !lows of the same type are presently underway, and are
capable of handling Reynolds numbers (based on clearance width and speed) of the
order of 2000. An order of magnitude improvement is required for realism, and
this may be achieved in a few years (Ref. 19).

1.7 Expert mental Information on Labyrinth Seal Forces

Among the groups who have published data on the excitation effects of
labyrinth seals, we will mention especially the work of Benckert and Wach-
ter (Refs. 20,21), Leong and Brown (Refs. 22,23) and Wright (Refs. 24,25).

Benckert and Wachter used in their experiments a static-offset List rig with
air flows of the order of 0.2 - 0.4 Kg/sec, and featuring a 30 cm diameter rotor
mounting multicavity seal (up to 23 glands). Multiple pressure taps were used to
obtain the circumferential pressure distributions in the various chambers, and
the net forces were then obtained by integration of these measured pressures.
The inlet swirl was controlled by means of inclined injection nozzles, and
various types of sealing strip arrangements (straight-through, comb-type), with
various chamber sizes and depths, were used. The results were presented in the
form of non-dimensional force coefficients, covering a very wide range of
parameters. These data have been the object of various correlations to theory,
and constitute probably the most complete set existing. The one area not covered
was that of dynamic seal effects, since only static rotor displacements were
used.

The tests of Leong and Brown were similar in nature to those of Benckert-
Wachter, namely, static deflection, multichamber seals. In Ref. 22 very small
entry swirl was used, and negative whirl was seen to be excited. In Ref. 23 the
entry swirl was higher, but still less than the rotor speed. As entry swirl
increased, the excitation force became less negative and eventually crossed over
to a positive value (excitation of forward whirl). Conversely, as the rotor
speed increased, the tendency to negative whirl also increased. The authors
mention similar earlier results of Greathead (Ref. 26), who put forward the
hypothesis that forward whirl excitation would result if the entry swirl velocity
exceeded the rotor speed,and vice versa. A more likely threshold is the equi-
librium limiting azimuthal velocity in the seal, as discussed in Sec. 1.1.

Wright's testa differed from the others in that they were performed using a
kinematic rig, i.e., by mounting the sealed rotor on flexible supports and
inducing a vibrating or whirling motion (similar to some of Wohirab's tests).
The vibration was controlled by shakers with a feedback system designed to
maintain neutral rotor stability at the natural rotor frequency (which was itself
somewhat modified by the in-line seal forces). The feedback signals were used to
infer the excitation forces. The mass flow rate was only 0.026 Kg/sec, giving a
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Reynolds number below 4000, well below the transition to fully turbulent
behavior; this makes extrapolation difficult to the levels of Reynolds number
•ncountorcd in larger s.als. one significant disadvantage of these tests was the
lack of inlet swirl control. Since this is the crucial parameter affecting meal
cross-forces, thu results are difficult to interpret. Forward or backward
whirling effects were encountered depending on seal configuration and whirling
direction; this could possibly be due to varying amounts of friction-induced
pre-swirl in the different cases. The different magnitudes of the cross-force
for forward and backwards whirl could be used to infer seal damping forces, which
have not been accurately measured elsewhere; the author chose not to present the
data in this form, perhaps because the whirling frequencies ware significantly
different for the two directions.

Finally, pressure profiles taken with two diametrically opposite stationary
transducers, were used to infer excitation fluid forces, and these were 30 to 45%
higher than those obtained from the vibration tests. The author attributes this
to the presence of non -pressure forces. The smallness of the effects measured
(due to the lack of well defined inlet swirl) must be borne in mind, however.

11

13

^_	 '^ _ _	 .c ^ .t.^. ` `+n	 N"R^ ^'T!^'i:'i+^` .^,	 =	 '.	 ?	 - •". _	 .'^^' she.:..



^rx'nnr.

The Prediction of Destabilizing Blade Tip Forces for Shrouded
and Onshrouded Turbines

2.1 Introduction

As we have discussed in Sec. 1, while there is a fairly large body of
analytical literature on the fluid forces due to labyrinth seals (Refs. 14 and
15, for example) , the corresponding coverage on Alford forces is much more
sparse.

In his pioneer paper, Alford ( 1) made an attempt to calculate the variation
of the blade tip force. By assuming uniform upstream and downstreamflow fields,
he was able to obtain an expression for the variation of blade tipforce from the
knowledge of efficiency variation. But clearly, as a result of the clearance
variation, the flow field can no longer beconsidered uniform, and these flow
field perturbations may influence the resulting blade tip force. In this report
an attempt has been made to calculate the effect of the non -uniform fields by
using actuator disc theory. The ideas used here are based on those developed
by Greitzer and Horlock (31). It will be shown that the non-uniformity cannot,
in general , be ignored in the calculation of the destabilizing force. Within the
limitations cf the model, we have also included the effect of a time-varying
eccentricity, or a finite whirl speed. Some values predicted by the model
developed will be compared with those obtained experimentally by Urlichs (7)
and Wohlrab (12), though an extensive testing against data is not possible
because of a dearth of experimental data on the effects of v ,::iations of the
blade tip gap. The possibility of using existing empirice.i turbine tip loss
correlations to predict Alford forces is also explored.

2.2 The Model

The method of approach is to first find the flow field due to the tip
clearance variation, and then, using the velocity triangles, to calculate the
resultant Alford force. It is to be stressed that a complete three-dimensional
investigation of the flow field with the non-uniform tip clearance is not
attempted here.

Consider a single-stage turbine with its rotor whirling at a constant
eccentricity eo (Fig. 2.2.1). If the hub/tip ratio is high, the flow field
can be approximated to be two-dimensional. Fig. 2 . 2.2 shows an actuator disc
representing a two dimensional unwrapped blade row of circumference 21TR,
where w is the relative flow velocity and c is the absolute flow velocity.
If the Mach numbers upstream and downstream are small, the flow can be
considered incompressible, as well as inviscid, outside of the blade row.

14



Fig. 2.2.1	 Rotor under whirl
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Fig. 2.2.2 Two-dimensional flow model
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The variation of the tip clearance around the annulus can be represented
by

6 H- E En ( i R n- ftti )
	

(2.2.1)

where n is the whirling speed, y is the distance in the tangential direction,
R is the mean blade radius, H the blade height, and the En are constants.

Since only the first harmonic is of interest, as will be explained later,
higher harmonics are not included in the analysis and E. a eo/H.

The perturbation velocities c x and c y are related to the
stream function W by

cX = aY	 (2.2.2a)

cy	
ax	

(2.2.2b)

Upstream of the stage, the flow is irrotational, 0 = Vi m 0 and downstream the
flow is rotational v' W3 = n. The flow is steady in a reference frame
rotating at the whirl speed 0, therefore the stream functions can be written as

w 1 = A exp [ k (x + i y) - 0 ti) upstream of the stage	 (2.2.3)

W 3 =B exp [^( - x - iy) -0 ti)

* C exp ( R ( - x tan a i + y i - 0 ti)) downstream of the stage (2.2.4)

where 6, is the mean flow angle downstream of the rotor. Notice the
irrotational term dies out far upstream and downstream. The vorticity downstream
is convected by the mean flow at an angle 65. Again only first harmonics
are considered.

There are three matching conditions across the actuator disc surface:

1) The axial mass flux is constant

17



or	
cXl :. cX3

(2.2.5)
ary l	alp

;y ( 0 , Y) ' ay (o,Y)
2) The relative flow leaving angle is constant

tan G3 c3x 	 wax	 c3y - u	 (2.2.6)

atx=0

3) The third boundary condition involves matching perturbation quantities
by using the known experimental information.

The total-to-static turbine efficiency can be written as

(c 
Y3- 

cy2 ) u
n '`

	

	 (2.2.7)p_
c T0-p 01

	

 (per	 )
O1

where cv2 and cy3 are the y-components of the absolute flow velocity before
and after the rotor (defined positive in the y direction), u is the blade speed,

P3 is the static pressure downstream of the disc, and p 01 is the total
pressure upstream.

Due to the local blade tip clearance variation, the efficiency can be written
as the sum of the mean efficiency and its perturbation:

n °	 M + n	 (2.2.8)

where to a first approximation

efi	 apn '
 a(t/H) 6(t/H) + ail d Q1	 (2.2.9)

It is known that the second term in the above expression is small compared
with the first term, if 5'is not too far from the design value. Hence the
second term in Eq.(2.2.9) will be ignored in the analysis.

Perturbing equation (2.2.7)

	

P Y-1/Y	 p -1/Y + 1	 p•
n	 co T01 (1 - (D3 )	 ) - n c T (Y-1/Y) ( 3 )	 9

	

-01	 P O1	 p01	 P3
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(C y3- cy 2) 	u + u (a y3- ay21

All quantities are evaluated at x = 0.

Differentiating equation (10) with respect to y

ape te
_ ac ac

	

8y Q 1 + 42 by	
(a	 ate) u . ( cy3 - oy2) aY,

(2.2.10)

(2.2.11)

where

p

Q 1 = co T01 
(1 - low 1	 )

01

Y_1 03
42	 cp T

01 Y ( p01 )	 p3

If we assume the leaving angle of the stater is also constant, then

ac	
ac
	 ac

a	
= tan a? By
	

1C = tan a2 
aY1	

(2.2.12)

'.'he momentum equation downstream of the rotor gives

ap	 ac 1	 as	 ac Y

o ay = ax - cx3	 cy3 ay + at 3	
(2.2.13)

From (11), (12) and (13)

	

a cY_	 ay	 ac,y
an 

4 1 + 4 2 o 3 I' ax3 ax 3 - cy3 ay 
3	

at 3 )

= l am - tan a2 aYxl ) u + y ( t`y3 - ^v2 )	 (2.2.14)

In terms of the stream functions, the three matching conditions can be
written as
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8* i 	4 

Ty— ' ay-

h 3 	 8W3
ax tan R3	 ax ' u

:	 z
a • W	 a W	 d W

ayQ 1 ' Q2 0 3 (8x3 ax ' 3 ' ^y3 tyax ' atax )

U (axay	
tan a2 cY 21 1 + (8y3- 8 y2 )

au	 (2.2.15)	 1

Substitute Eqs. (2.2.3) and (2.2.4) into (2.2.15), (2.2.5), and (2.2.6):

A = B + C	 (2.2.16a)

(tan 8 3 1 - I)B - (i tan n 3 - i tan 8 3 )C - - n e  R	 (2.2.16b)

	

tan a2 A + B (1 - Q^ 0 3 ux (1 - i tan 63)	
Q2 p3 w i1

RaQ e i
- C+ a Q2 0 tan 8,- tan 8 3 1 = U1 H + Ll eoi (tan 6 3 - tan n 2 ) fx (2.2.16c)

where

an

To obtain the blade force variation, the momentum equation is applied across
the rotor blades. The tangential component of the force is given by

fy = 0 cx3 (cy3 - cy2 ) H	 (2.2.17)

Since only the perturbation of force contributes to the resultant destabiliz-
ing force

20



K Uxy 	 H
s

(2.2.20)

fy • o c
xl	 y3

(^	 -a y2
	 1
) H + o	

x 

(c 

y3
. - c

y2 ) H
	 (2.2.18)

If we consider a reference frame rotating at the whirl speed n, and add
together the forces perpendicular to the instantaneous eccentricity, we find the
net cross-force

Fy	 r2nR Real(f , ant ) cos (y/R) d y
	

(2.2.19)

This expression justifies the inclusion of only the first harmonic in the
stream function expansion, since the higher harmonics contribute nothing to
the Alford force.

A non-dimensional excitation coefficient kxy is defined as

where U s is the ideal total force in the circumferential direction on the
blade, and eo/H is the dimensionless eccentricity.

2.3 Calculations and Comparisons to Data

Cases with stationary eccentricity are considered first. A typical plot of
the axial velocity perturbation and the blade force variation vs. angular povi-
tion are shown in Fig. 2.3.1. As was to be expecteL, these quantities are almost
in counterphase with the tip clearance variation, which indicates that the non-
uniform flow field will tend to increase the Alford forces.

Although Alford published his paper in 1965, very few experiments have been
done to verify the proposed formula. Hence it is difficult to make any good
comparison between the Alford model, the present analysis, and experimental
results. Two tests were done by rlich (7) and Wohlrab (12), and more recently
Laudadio and Vance (13) did verify the linearity between the Alford forces and
eccentricity for a fan. Accurate experimental data seems very difficult to
obtain due to the small magnitude of the forces to be measured.

For the present analysis the data of Urlich seems to be the more suitable,
since he also determined the efficiency vs. average clearance for an unshrouded
turbine stage. From this information the values of

A	 an
a(t/H)

are found by a second order polynomial curve fit to the efficiency vs. clearance
data (Table 2.3.1). Values of kxy are found by using A, together wit!1 appropriate
flow angles (Ref. 7) in the analytical model. The predicted values' and experi-
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Table 2 .3.1	 Efficiency for tip clecronces

22

i
	 1

mentally obtained values of kXy are ploCted in Figs. 2.3.2 and 2.3.3, together
with the values of kxy obtained from the Alford formula. It can be seen that the
analysis gives a value of k xy higher than the Alford formula, indicating that
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the non-uniformity does increase the destabilizing forces.

In addition, it is also clear from Figs. 2.3.2 and 2.3.3 that the new theory
overpredicts the side forces, when compared to the experimental data. However,
we should at this point also consider the effect of the nonuniform pattern of
pressure acting on the turbine wheel rim. Fig. 2.3.4 shows that, although the
pressure field just upstream of the rotor is in phase with the clearance varia-
tion, it is shifted by 90° just downstream, and that those nonuniform pressures
act in such a way as to reduce the forward cross-force.

A precise accounting of the effect of these pressure forces is not possible
in the context of our actuator-disc theory. However, we can see that the 900
rotation of the pressure pattern must occur in the rotor passages, and so it is
logical to calculate the induced side force by letting the rotated pressure wave
act on an axial rim width equal to half a bladde chord. New excitation coeffici-
ents, including this pressure force, are also shown in Fig. 2.3.4. Although the
precise axial length over which the pressure forces act is difficult to deter-
mine, it can be seen that they do contribute significantly to the net force, and
that their effect is to substantially reduce the overpredice,ion.

2.4 The Use of Tip Clearance Correlations

In many situations, curves of efficiency vs. clearance may not be available.
The possibility of using some of the existing tip clearance loss correlations is
investigated here. The formula used is given by Dunham and Came (34), which is a
modified form of the methods of Ref. (32).

The correlation of loss coefficient vs. clearance is given by

0.78
YR =BH(C)	 2

where

	

	
(2.4.1)

i

CL 
2 cos a2

Z = (gc) —=
cos a

m

where t is tip clearance, c is true chord, CL is the lift coefficient, am is
the mean gas angle, constant B = .47 for unshrouded blades. B = .37 for shrouded
blades. Assuming M << 1, then (Ref. 35)
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m

(stator effects have been ignored because the stator is normally better staled).
Fig. 2.4.1 shows the predicted Alford forces based on Eq. (2.4.2), together with
the experimental results. It can be seen that the prediction is very reasonable,
as it compares well with the data for small axial (stator-rotor) gap, although
not as well for large axial gap. The fact that k x varies with the gap between
the rotor and stator is not well understood, and i may be highly dependent on
the detailed geometrical arrangement of stator and rotor.

Wohlrab (Ref. 12) tested a shrouded turbine. Since he did not supply data
on efficiency vs. tip clearance, A has to be estimated, in order to compare the
present analysis with the experimental values obt•;Sned. Encouraged by the
results for the unshrouded turbine, an estimated tip loss coefficient is used
again, but this time the effective tip clearance is given by (Ref.(34)).

t = (geometric tip clearance) x (number of seal';)" 0.42

Since there is also a shroud, we would expect some seal forces act-inn cn the
rotor shroud band. These are found by applying a model developed by Lee, et al.
(15). The results (Fic. 2.4.2) again show reasonable agreement, falling between
the data obtained by Wohlrab for the two axial gaps tented.

2. 5 The Effect of a Time-Varvinc Eccentricity

All the cases examined so far have been for an assumed static offset. The
effect of whirl for a typical case is shown in Fig. 2.5.1. For a whirl speed
equal to 50% of the rotating speed, the effect on k is small (t 10%). This is
consistent with Wohlrab's experiment, in which he found that within experimental
accuracy there is no difference between Che values of k xy obtained from kinetic
and static tests. It is noted, however, that the predicted effect of whirl
(which could be expressed as an Alford damping coefficient), could not have been
obtained from the original Alford model, since it dApends crucially on the delays
between wheel motion and disc passage of the induced flow non-uniformities, and
these were ignored in the Alford model.
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2.6 Conclusions

The non-uniform flow field induced by the tip clearance variation tends to
increase the resultant destabilizing force over and above what would be predicted
on the basis of the local variation of efficiency. on the one hand, the pressure
force due to the non-uniform inlet and exit pressure also plays a part even for
unshrouded blades, and this counteracts the flow field effects, so that the
simple Alford prediction remains a reasonable approximation. Once the efficiency
variation with clearance is known, the present model gives a slightly overpre-
dicted, but reasonably accurate destabilizing force. In the absence of effici-
ency vs. clearance data, an empirical tip loss coefficient can be used to give a
reasonable prediction of destabilizing force. To a first approximation, the
whirl does have a damping effect, but only of small magnitude, and thus it can be
ignored for some purposes. To gain more insight and understanding, more accurate
experimental determinations of the tip force must be made. It must be pointed
out that the destabilizing force is also highly depero9snt on the geometry of the
rotor and stator, as shown by the experimental dependence of the magnitude of
destabilizing force on the axial gap between the stator and rotor. This effect
of axial gap on the Alford force points to the need for more detailed study of
the flow field around tip regions.
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Preliminary Design of the Test Facility

3.1 Introduction

As was pointed out in Section 1 of this report, the best existing data
on Alford forces are those of Urlichs ( Ref. 7) and Wohlrab (Ref. 12), who
covered a fairly broad range of parameters, including some preliminary work
on dynamic effects. In our experimental work, we propose to follow in the
main their approach and capitalize on their experience wherever possible,
while at the same time attempting to improve on their results on several
specific points: (a) Higher Reynolds number, ( b) More complete
instrumentation, ( c) A more clear separation of effects. As a result of
correlating such data with theoretical analysis, we hope to derive a
clearer picture of the mechanisms responsible for these forces in turbines
of practical interest and to lay the basis for more advanced and accurate
predictive methods.

We offer in this subsection a discussion of the test objectives and
their impact on facility design. We wish to measure for representative
turbines the side forces due to rotor side deflections, as a function of
turbine configuration and operating point. In addition, we wish to obtain
generic information about the mechanisms responsible for these forces.

First of all, the test turbines must be representative of those of
interest for aerospace applications. This means on the one hand a suitable
selection of such factors as stage loading and flow angles, which implies
mostly geometric replication of some blading of practical interest, but it
also means testing at realistic Mach and Reynolds numbers. In our case,
since the focus of interest is the SSME turbopumps, the geometry selection
is clearly indicated, as we will more fully discuss in Sec. 3.2. The Mach
numbers in the SSME turbines are generally low enough as to play only a
minor role in their performance, and this is true of many other turbines of
interest; hence we simply choose a test design with also a " low" Mach
number; namely, no more than, say, 0.3 (axial).

The Reynolds number, on the other hand, poses more difficulties, since
their typical SSME values are of the order of 4x10 based on chord and
leaving velocity. It is well known that Reynolds number (Re) effects
become weak at high Re, and, more importantly, are fairly well predictable
once fully turbulent operation is established over most of the blading.
However, the dependence is stronger at lower Re, in the laminar regime,
and, worse yet, it is much more diffficult to predict in the range of
laminar-turbulent transition (Re = 100,000 200,000 typically), where
factors such as blade aspect ratio, solidity, roughness and free-stream
turbulence can play an important role in determining blading performance.
Some examples of this behavior are shown in Figs. 3.1.1 and 3.1.2, from
Refs. 27, and 28, respectively. These transitional effects occur at
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somewhat higher Re for low reaction blading.

Unfortunately, it is not very easy to obtain Reynolds numbers above
this transition region in standard laboratory tests. Thus Urlichs ( Ref.7)
with an open - loop test rig supplied with 0.4 Kg /see of air, and with
dimensions close to those used here (i.e., blade chord about 2cm, radius of
about 18 cm) was limited to Re values well below 10 . Wohlrab ( Ref.12),
by using a much larger air supply in a closed loop circuit (up to 6
Kg/sec), and with,blading about twice the size was able to obtain some
data q Re a 3x10 , although his nominal operating point' was closer to
1.5x10 . The data of Vance ( Ref.13) are for much lower Reynolds numbers.

Our approach, to be discussed more fully in Secs. 3.3, 3.4, consists in
switching to Freon - 12 as the operating gas in a closed loop facility. For
the same pressure, temperature, characteristic dimension and Mach number,
the Reynolds no. varies like /yW u , where y is the specific heat ratio, j.(,
is the molecular mass and u the viscosity. This "figure of merit" is com-
pared for air and Freon - 12 }n =Table 3.1.1. Another relevant comparison
is that of " fluid power" pv L (a measure of, for instance, the re-
quired compressor or brake power for the facility. Imposing once again the
SM size, P, T and Mach number, this power scales as the group
y / /j1 I ', which, using air as a reference, has a value of 0.35 for
Freon - 12. These are important advantages, and they allow us to design a
reasonably sized test facility ( Sec. 3 . 4) operating at a design Reynolds
no. gjeater than 4x10 . This is well past the critical "break" value of
ti 2x10 , even for impulse turbines, and comes to within extrapolation
range of the actual Re values.

Gas	 M(g/mole) y u(Kg/(meet)) Same, relative
P	 to air

Air	 28.9 1 . 4 1.8x10 5 3 . 53x105	 1

Freon-12	 120.9 1.12 1.25x10 5 9.31x105	 2.64

Table 3.1 . 1	 Factor for Reynolds number t t fixed P, T, length, Mach no.:

R pu L PMI, (^" !
e u R

(M Mach no, R - universal gas constant)

Table 3.1.1 Comparison of Air and Freon-12 Properties.
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Regarding instrumentation, the primary measurements are the offsets and
lateral forces, plus the turbine state variables. Beyond that, rings of
pressure taps in the blade tip regions provide help in interpreting the
data and give information on the phenomena. This is the level of instru-
mentation used by previous workers ( Refs . 7,12,13). In addition to this, we
plan to introduce two scanning measuring rings, upstream and downstream of
the siege, equipped with hot wire or three -hole pressure probes. This
will further clarify the flow field by giving information on the azimuthal
flow redistribution induced by the eccentric gap, and therefore will allow
direct correlation to our actuator -disc theory ( Ref.33), or perhaps some more
refined theories in the future. Automatic digital data recordin, and
processing is also expected to facilitate the experimental process.

Alford forces are known to arise at a variety of locations, including
the blade tips, the shroud seals in shrouded turbines and the stator seals.
In addition, our calculations ( Ref.33) indicate an important hub pressure
contribution. Wohlrab introduced separate control of stator and rotor
eccentricity in order to separate their contributions. We retain this
feature in our design and, in addition, we will verify the validity of this
approach by testing with a special seal (see Sec. 3.7.2) designed to
minimize stator-induced Alford forces. Our instrumentation ring will
provide a means of exploring the near-hub pressure s in order to assess
their contribution to the side force.

Wohlrab (Ref.12) also performed dynamic vibration tests in his appara-
tus. Within the error tolerances, he found the effect of velocity -depen-
dent forces to be much less significant than that of the displacement-
dependent forces. This may have been in part due to the relatively low
frequencies involved, since theoretical calculations on labyrinth seal
forces ( Ref.15) indicate a potentially significant d p-ping effect. To
clearly isolate this effect we plan to perform forced whirl tests in seals
identical to those used in the turbine tests. These will be done in a
separate seals test facility being built under a different program (see
Sec. 3.11.1). In addition, dynamic whirl tests will also be conducted using
the basic turbine test rig, in order to assess the importance of velocity-
dependent blade tip forces. These teats will be at realistic reduced fre-
quency. (See Sec. 3.7.4).
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3.2 Test Turbine Parameters

The Space Shuttle Main Engine (SSME) utilizes in its propellant pres-
surization system two highly loaded two-stage turbines, one unshrouded

(fuel turbopump) and one shrouded (LOX turbopump). These are of direct
interest in terms of potentially destabilizing Alford forces, and are also
representative of other turbines in high power turbomachinery. Table 3.2.1
summarizes the nominal characteristics of the first-stage blading of each
of these turbines (100% power, baseline), and Fig. 3.2.1 shows their
geometry.

Table 3.2.1 Characteristics of SSME Fuel and Oxydizer
Turbine Blading (let stages).

Fuel Turbine LOX Turbine

Stator leaving angle, a2 70° 77.5°

Rotor leaving angle, 6 3 600 650

Mean radius, r 12.88 cm 12.8

Number of blades 63 78

Blade height, h 2.17 cm 1.26

Blade chord, c 2.21 cm 1.65

Rotation rate, w 34560 rpm 27100 rpm

Working gas molecular mass, K 3.75 g/mole 3.30 g/mole

Working gas specific heat ratio,y 1.352 1.374

Mass flow rate, m 71.8 Kg/sec 28.0 Kg/sec

Inlet pressure, pl 3.495x107 Pa 3.458x107 Pa

Pressure ratio, p l /p 2 1.192 1.227

Inlet Temperature, T1 1053 K 782 K

Efficiency 0.821 0.749
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The geometry for the relevant velocity triangles 1s shown for refs__.__
in Fig. 3.e.2, where solid lines represent absolute

U 	 03C13

,/^0 a2

^	 I

Urwrm

Fig. 3.2.2	 Turbine Velocity Triangle.

velocities and dotted lines are velocities relative to the rotor. Sub-
script ( 2) refers to rotor inlet, subscript ( 3) to rotor exit, and a and 6
are absolute and relative flow angles, respective i v. Important non-dimen-
sional factors are the stage loading parameter:

Specific enthalpy extraction U 
y =	

(tan 62 + tan 63 )	 ( 3.2.1)U 2	 G 

n c  T11, -(p2/p1) 
Y-1/Y)

=	 2	
(3.2.2)

U

and the dogree of reaction:

2	 2
R = Static enthalpy drop in rotor - tan 6 3 -tan 02	

(3.2.3)Total static enthalpy drop 	
tan2p3 - tan 2 62 + tan 

"a2
From the leaving angles a 2 , 6 3 and the geometry,

tan 8 2 = tan a2 - U
	

(3.2.4)
X

35



_	 m
ux 	 o 1 2rrrmH (3.2.6)

tan a 3 - ^ - tan 63	 (3.2.5)
x

In these expressions, the axial velocity u x is assumed constant
through the stage, and it can be calculated as

These expressions, with the values in Table 3.2.1, give the following
derived quantities ( Table 3.2.2):

Table 3.2.2 Calculated Parameters for Same Blades
as in Tab-a 3.2.1.

Fuel Turbine LOX Turbine

Inlet density, p, 14,6 Kg /m3 16.8 Kg/m3

Axial speed, u 262 m/ sec 164 m/sec

Relative rotor inlet angle, P 2 43.90 66.50

Absolute exit angle, a 3 -3.10 3.60

Loading parameter,	 ( from Eq.3.2.1) 1.508 2.07

Loading parameter,	 (from Eq.3.2.2) 1.509 2.02

Degree of reaction, R 0.216 -0.U33

Leaving velocity (relative, ux/cos 63 ) 524 m/ sec 388 m/sec

Both turbines are seen to be highly loaded. Also, since the speed
of sound in the working gas is about 1850 m/sec, all Mach numbers involved
are rather low. This means that the specific heat ratio, y, should play
-nly a secondary role in similitude considerations.
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TFe Reynolds number based on chord and relative exit velocity 1s
5.640 for the fuel turbine and 3.440 6 for the LOX turbine. These
are very difficult values to reproduce in experiments at moderate pres-
sures, as commented in Sec. 3.1 but, sas stated, we plan to be well above the
transition Reynolds number of 1-2x10 .

We choose to base our first test turbine design on the 1st stage of the
SSME fuel turbopump. Besides the obvious interest on this particular
design, there are some practical advantages to us in the fact that the
aerodynamic design of these blades is available in the form of detailed
drawings and tables of coordinates. In this sense, the simplest choice of
size would be 1:1 scaling, which would allow the use of spare SSME blades
as blanks for casting the test blades. We will therefore investigate the
practicality of this choice in conjunction with that of working fluid in
Sections 3.3, 3.4.

Since the nominal flow rate for the LOX turbine is smaller than that
for the fuel turbine and its pressure ratio is only slightly larger, the
facility can be easily modified for this other blading.
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3.3 Air Flow Open Loop Design

With the above test turbine parameters in mind, we now explore the
possibility of using existing Gas Turbine Lab air supply equipment. These
systems, together with their design operating conditions, are listed in
Table 3.3.1.

It is clear that both the oil free system and steam injector are not
suitable. The measured characteristics of the steam ejector are shown in
Fig. 3.3.1; at a pressure ratio of 1.2 the available flow rate is only of
the order of 0.40 Kg/sec (1 lb/sec), which would lead to a very small
operating Reynolds number. The same is true of the oil free system. Even
though it has a storage facility, the pipes connected to the storage are
only 10.2 cm (4 11 ) in diameter and the distance from the storage facility to
the test section is relatively long, which makes it impossible t o cet a
large mass flow rate.

The blower can deliver sufficient pressure, although at a relatively
low mass flow rate. A performance diagram of the blower obtained in a
different experiment is shown in Fig. 3.3.2. For purposes of comparison
with our chosen configuration, we will here design the test facility such
t}at this blower operates at a pressure ratio of 1.3 and a flow rate of 100
m /min. Also, we will design a test turbine which has the same pressure
ratio, load coefficient, de gree of reaction, and olade leaving angles as
the 1st stage of the SSME fuel turbine.

Table 3.3.1 Characteristics of Available Air Supplies

De Laval Oil Free Air blower Steam ejector
Compressor System

Max. pressure 3:1 100/14.6 1.30 1.1
ratio

Flow rate 8.7 Kg/sec 0.32 Kg/sec 2.2 Kg/sec 0.22 Kg/sec

We can write the load coefficient W as in Eq. (3.2.2), and solve for
the mean blade speed

/ntcpT (1 _ nt-(Y-1)/YI

U =
3 W

( n t = P_/P:)	 (3.3.1)
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Usinq the values

W - 1.51	 TO = 293°K , n = 0.7 (assumed)

P.

= 1.4	 c  = 1004 J/Kg K (for air)

we calculate a turbine running speed U = 83.2 m/s

Wa can also define the load coefficient in terms of the absolute flow
angles at mean radius

u
W = U

(
 

tan a. + tan a 3 )	 ( 3.3.2)

With as ti 0°	 a: = 70°
ti

_	 u U	 _ 1.51x83.2
u	

= 45.7 m/s
x tan a, + tan a 3	 tan 70°

:f we keep the hub/tip ratio the same as in the HPTP, then

blade height 
= 0.167 = H/R

mean radius

which leads to a mass flow rate

J
m = 2v R - x 0.167 x oux	(3.3.3)

Using m/o = 100/60 m 3 /sec, the mean radius H is found to be R = 	 I
0.186 m. The corresponding blade height is H = 0.0311. This blade size is 	 4,

about 1.5 times larger than the blades used in the space shuttle engine. 	 -
ry

The resulting rotation speed is R = U/R = 83.2/0.185 = 447 rad/s = 4272 	 1 .1
rpm and the Reynolds number based on chord and relative leaving velocity is 	 ((

o u /cos S c	 1.2 x 46/cos 60 0 x 0.031
Rey =	

x	 3	
-	 = 1.7 x 105

u	 2 x 10-5

In view of these results, there are several objections to the use of
the blower. First of all, the pressure it delivers is not high enough to
provide for the test turbine to operate at the design condition (T. =
1.19) and at the same time overcome the frictional loss in the duct and

41



provide a margin for testing at rt above design. The more serious fault
as the low Reynolds number of less than 2 x 10 . As discussed in Sec.
3.1, this is in the middle of the transition range, particularly ;iven the
high load on the blades.

Several options exist for increasing the Reynolds number. Among these,
we list the following:

1. Pressurizing the test section and making the test facility part
of a closed loop.

2. Using the large De Laval air supply system.

3. A closed loop test facility using a gas other than air.

Option ( 1) entails most of the same sealing problems as option (3),
while adding the operational and construction difficulties of a high
pressure system. It therefore was discarded early.

The De Laval compressor is capable of delivering sufficient pressure
ratio and mass flow, as shown in Fig. 3.3.3. However, in order to achieve
a sufficiently high Reynolds number, the test turbine size has to be
increased considerably. This also increases the brake power and the size
of all other components by large amounts. As a rough calculation let.us
assume the design Reynolds number based on the blade height is 3 x 10 .
Then, from Ea. (3.3.1), using

n = 0.7	 W = 1.5	 lit = 1.20

we obtain

U = 83.4 m/s

ux = Uwi(tan a: + ran a^) = 45.6 m/sec

H = Re u = 3x10' x 1.5x10 5 = 0.075 m
u  p	 45.6 x 1.3

H/Rm = 0.166

m	 = uxo • 2nRH = 12.46 kg/s
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This is within the capabilitios of the compressor (Fig. 3.3.3), al-
though it may require a fairly large amount of bypass to avoid stall. The
power to be taken out by the brake is then

P - W m U 2 - 130 KW

At the above power level the brake can be relatively expensive and
large in size.

The present system of which the De Laval compressor is a part, is an
old closed loop supersonic tunnel designed to operate at low pressure (% 7
psi). In order to operate near atmospheric conditions (to keep the
Reynolds number up with reasonable turbine size), we would have to open the
18" circuit piping, install a fiance and valve, and build approximately 80
ft. of new 18" line to the test section. All these are fairly expensive
operations. one additional important concern is the fact that the syste-n
is some 10 years old and has been inoperative for a number of years, and
although it is in working condition now, any breakdown during the test
program would be very expensive and time-consuming.

The conclusion of the above discussion is that an airflow facility will
not provide a convenient test bed for our purposes. In the next section we
examine the option of using a different fluid.
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3.4 Freon Closed Loop Design

The gas to be used in the closed loop design must be of high
molecular weight and low viscosity. After some consideration it was
decided that Freon 12 would be the best choice. Freon 12 is a rela-
tively inert gas at room temperature and it is readily available at
low cost. Some of its most important constants are listed below.

molecular weight	 =	 120.91

normal boiling point = - 29.79°C

density at STP	 =	 5.35 kg/m'

viscosity	 =	 1.25 x 10-4Kg/m/sec

Notice that while its density is about four times that of air, its
viscosity is lower by about 30% than that of air.

With these properties we proceed to evaluate the corresponding
test turbine design. Again we choose the load coefficient and degree
of reaction the same as in the SSME HPFTP turbine. From Eq. 3.3.1, and
using the values

c 
	 = 642 J/Kg K

Tci = 293° K

W	 = 1.51

rt	 = 1.192

r	 = 0.7 (assumed)

Y	 = 1.12

We obtain

U	 - 40.3 m/s

and then, using Eq. 3.3.2, with a3 - 0, a: = 70°,

ux	 = WU/(tan a: * tan aa) = 22.2 m/s

If the size of the test turbine is the same as in the SSME, i.e.,

H	 = 2.169 cm

rm	= 12.9 cm
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a	 1

then the Reynolds number at the design condition is

p u H/cos 60°
Rey	 x u	 3.9 x 105

and also

0	 = 3;2 red/s • 2980 rpm

1^	 - 2nrmHoux	 1.95 kg/s

power - m n t c  T:(1

= 4.79 KW

A newly designed airtight gas booster will be used to supply
power. Assuming it delivers a pressure ratio of 1.35 at the mass
flow of 1.95 kg/s and has an efficiency of 0.6, the required power at
the design point is

Power m 
n
° 0	 c(nY"1/Y _ 1) - 20 KW
c

Although the Reynolds number of the test turbine is well below SSME
turbines operating Reynold numbers (around 5x10 ), it is well above the
loss transition zone, and it does therefore allow some opportunity to
explore Reynolds number effects in the turbulent regime. If we wanted to
increase the Reynolds number to % 10 0 , the test section size would have
to be more than doubled, This would increase the power input by a factor
of 5 and would make the whole facility more difficult to build and operate.
As far as instrumentation is concerned, the difficulty of using a two
centimeter blade is not very different from that with a four centimeter
blade. Therefore, we decide to retain the SSME turbine size. This will
also facilitate fabrication of test blades, by using sample SSME blades as
casting blanks.

In summary, there are significant advantages in going from open-
loop air to a closed lot. ,,) Freon facility. The Reynolds number is
increased and at the sane time we reduce the power taken by the tur-
bine, hence rtducing the size of the brake, the compressor, and all
other components. One further interesting point is that we can vary
the Reynolds number for the same test turbine by mixing Freon and air,
or perhaps other gases.
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3.5 Loop Components Design

3.5.1 Loop Description

A schematic diagram of the proposed closed loop design is shown in Fig.
3.5.1. A heat exchanger is placed before the bypass to remove the net heat added
to the gas due to the inefficiency of the turbine and compressor, Two dampers,
one in the bypass loop and one in the main loop are used to control the pressure
and main flow through the turbine, A flow straightens" is placad about one or
two diameters before the test section to reduce the flow irregularity due to the
turns, damper and heat exchanger. This introduces some pressure loss, which can
be easily compensated for by slightly increasing the pump capacity.

An electrical brake is connected to the turbine shaft through a belt system.
Two universal joints are used to eliminate the lateral force transmitted to the
force measuring devices.

An estimation of the pressure losses in the main loop is given in Sec.
3.5.2. The main pressure drop appears to be in the heat exchanger. The total
pressure drop with full open damper is only about 0.03 atm, due to the assumed
use of 0.305m (12 11 ) ducting ( 0.355m ( 14 11 ) in the heat exchanger and test section
approach). Thus, a gas booster designed for a 4P of 0.33 atm at a mean P • 1
atm, should allow ample margin beyond the r,^Ainal turbine pressure ratio of
1,142,

The cooler will be made from, standard finned tube of large surface area, and
heat will be taken out by cooling water. The brake will basically be an
electrical DC generator (from a surplus aircraft motor-generator set). It has
some control over the stator current and can run over a wide range of speed. Two
generators driven in parallel may be needed, because of some uncertainty about
the precise characteristics of the intended generator.

3.5.2 Pressure Dron Estimation

Heat Exchanger. The following values pertain to the Freon 12 flow:

Mass Flow Rate (m:
	

2.3 kg/s

3
Density (o)
	

5.5 kg/m

viscosity (u)
	

!,25x10 -5 kg/ms

Specific Heat (cp)
	

640 J/kg deg

Thermal conductivity (k) =	 1.12x10	 w/m deg

Prandtl number (Pr)	 =	 0.714
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Assume the duct diameter is 0.356 m (14 11 ) at the heat exchanger, and that
the flow area Af is one half the total frontal area ( Ref. 29). Then

ux	
Ph. 

8 m/sec

t

Y

and the Aeynolds number based on hydraulic diameter is 1.38 x 10 .

From Ref. 29, adopting a design similar to that designated CF - 8.72
(finned circular tubes) : wee obtain a pressure loss factor f = 0.03, plus a
specific Lrea a = 535 m /m and a heat transfer parameter

3

Gc (Pr)	 = 0.004

p

from which

h = 141.00 2

m K

Assume a thermal power of 15 KR' is to be removed ( a conservative estimate).
This corresponds to a temperature drop for the gas of AT G - 15000/2.3/640 =
10.2 K. If we now impose an equal temperature rise for the cooling water, and a
(constant) temperature difference of SK between both, the required effective area
is

A	 j hQ00 = 13.3 m2

Total heat exchanger volume: = A/a = 0.025 m3

Axial length =	
V	

= 0.25 m
nD^/4

The pressure drop can be estimated by

2

Ap 20 (A	
A = 1560 N/m2

f	 f

The water flow rate would be k. = 15000/(4180x10.2)
0.35 Kg/sec, or about 5.5 GPM.
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Ducting Loss

For 0,305m (12") ducting, the flow velocity is ux - 5.5 m/s and using
f - 0.03 and K - 0.9 for duct bends (fraction of dynamic head lost per
bend), with 20 m of ducting and B bends (to account for the need to mount
the compressor at a level Jifferent than that for the test section), we
obtain

bp - 2f p p uX + K x (No. of bends) x 2 p uK

561 + 599 = 1160 N/m2

Dampers

In the fully open position, the damper will have a negligible
pressure drop. For partially closed positions, the Ap is a control
vp.riable.

Flow Straightener

It is estimated that the flow straightener will take a pressure
drop of 500 N'm'. This is for an L/D of 50, an,-, is low due to the
low dynamic head involved.

Sudden Enlargement at the Test Section E;:ic

For a 22 m/sec flow speed in the test section, almost one full dynamic
head will be lost at the discharge into the downstream duct. This amounts
to 570 N/m'.

Total

Hence the total pressure dro p in the loop is approximately

Ao = 3800 N/m.

This small value of the loop pressure drop is due to the large diameter
ducting assumed (we have a number of 0.35m (14 11 ) sections available, and
0.305m (12 11 ) is a standard size). In connection with the estimated pressure
drops it should be noted that closed loop recuperated Brayton cycles
have been built with similar relative pressure losses (-3%).
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3.6 Off Design Operation Control

ideally, one tends to operate turbines very near their design point,
but it is unavoidable that sometimes they will run at some point other than
optimum. It is also known that for the Space Shuttle HPOTP the most
serious subsynchronous vibration occurs at a power )evel of 9% above design
point. Therefore subsynchronous vibration excitation at off-design
conditions is a problem of interest.

There are several ways to operate the turbine at off-design conditions.
Either the damper in the main loop can be adjusted to provide a different
pressure ratio across the turbine, or the shaft load can be varied by
changing the external power dissipation. For the latter case, brake load
power output is in the form of electrical power dissipation in some heating
resistance. It is estimated (see Section 3.4) that the maximum power the
turbine can produce is about 6 KW, and this can be absorbed in a relatively
simple water-cooled rr••sistance.

To avoid compressor stall and increase the test range, a bypass is
included in the loop. This also gives some additional flexibility in
controlling parameters for the test program. Fo example, since it is a
closed loop, we can mix air (or some other gas) with Freon 12 to get
different operating Reynolds' numbers. By adjusting the bypass damper, we
can still )seep turbine operation at the design point.

The following is a description of the simplified model used to assess
the off-design operation of the loop.

The turbine efficiency, and stator and rotor leaving angles (a:,
33) are assumed constant in the relatively small range of operating
parameters about the design point. The following two equivalent expres-
sions can then be written for the power per unit flow rate:

Y-1
Y

	

W = r  c  T01 
(1 

-(pU2)	
1 = U  U(tan u2+ tan 9 3 - U-)	 (3.6.1)

	U1	 x

The turbine power will be absorbed by a resistively loaded, separately
excited DC generator. Its output voltage will be

	

V=KG0ie%-IR. = 	I R 
L
	 (3.6.2)

where KO is a machine constant (reflecting also any interposed speed
changes), ieX is the excitation current, I is the load current and Ri,
RL are the internal and load resistances, respectively. Also
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AP = AP	 - K u2
c	 cc	 c x

(3.6.8)
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n	 U	 (3.6.3)

	 -1:

^I

m	
l

where rm is the turbine mean radius and U its blade speed.

The generator absorbs a shaft power

Pg = V I/ng	(3.6.4)

where n  is its mechanical efficiency. From (3.6.2) then,

K2 i 2 	R	 2
p =	 G ex	 L	 (7-)	 (3.6.5)

a	 rc	 (R.	 P; )	 m

and this must be the same as W m = W(o:uxA), where p i is the
inlet gas density and A the annulus area.

The generator parameters can be grouped together into a single "load
contro:" parameter

2	 i2
?	 KG	

R

	

L ex	 (3.6.6)
a	

r9 ( RL 
• R+)2

in terms of which,

2
W =	

g	
13.6.7)

0 A r2
2 
	 x

In addition to this power balance, a pressure balance around the loop
is needed. We acz;ume a constant-speed compressor with a pressure rise
characteristic given by

which reflects the approximately quadratic droop of AP c with mass flow
rate, Similarly, the passive elements (bends, cooler, flow straightener,
tubing) contribute pressure losses



-GPioss - KL u 2 	(3.6.9)

and the control valve contributes

-LPvalve- K
v u 2	 (3.6.10x)

This leaves for the turbine a pressure drop

G?t 	L?co - (Kc + KL + Kv ) ux = LP
co - Ktotux
	 (3.6.10b)

If the mean loop presure is p, then the turbine pressure ratio is

?0 ^	 ? - GP /2	 2P - L-r cc 
K-Ot ux

(3.6,11)

P01	 P + LP /2	 2P + 
LP- K	 u

t	
co tot x

Upon substitution into Ea. (3.6.1) we obtain two different expressions
for W in terms of u,., U. Together with Eq. 3.6.7, we have therefore a
system of equations to be solved for W, ux , U once the valve setting
(Kv ) and the Load parameters (Xa) are specified.

Many of the parameters of this model can only be numerically specified
after the particular components of the loop are precisely characterized.
However, for the purpose of illuminating the operating characteristics of
the loop, we can use some reasonable component parameters, plus an assumed
operating point, and deduce the necessary values.

For the compressor, assuming its nominal operating pressure ratio is
1.35 at a flow rate of 2.2 Kg/sec (giving ux = 25.3 m/sec), and that the
flow rate for zero pressure rise is twice the nominal value, we obtain
LPco = 0.467 atm = 47300 Pa. and Kc = 18.b Kg/m^.

We also assume here a nominal turbine pressure ratio of 1.24 and a mean
loop pressure p = 1 atm. Therefore, the total pressure drop coeffici-
ent Ktot, as implied by Eq. (3.6.12), must be 40 Kg/m . This is an
implicit determination of the nominal value setting, the precise value of
which could be determined from Kv Ktot-Kc-KL if the parasitic loss
factor KL were prescribed. Also, at a turbine pressure ratio of 1.24 and
at Tai - 298 K, (cp)freon= 647J/Kg K, Y = 1.12, nt = 0.7, we
calculate from the first part of Eq. 3.6.1 a work per unit mass of

W
nominal 

= 3074 J/Kg

S`
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and then, from the second part of 3.6.1 (using a: - 70°, 0a a 60°,

ux = 25.3 m/sec), the nominal wheel speed is

Unom. = 45.0.m/sec

There :s also a second root for this variable, giving U - 68.2 m/sec.
As we will see later, this corresponds to a second possible operating
branch, but we assume the nominal point to be in the low speed branch.

With these values, plus p l = 4.94 Kg/m s , A = 2armh = 0.0176 m=
and rm = 0.129 m, the nominal generatcr parameter is then found from Eq.
3.6.7, giving

(,1 )	 = 0.0556 J x sec

g nom.

For off-nominal conditions at the same Tci, the system of equations
to be solved is

0.107

155300 + K	 u2	2
W = 4.48 Uu - U2 = 135000 (1 - (	

tot x)	
)= 691 1	 U	 (3.6.12)

x	
249900 - K tot ux	 g ux

The results are shown in Fig. 3.6.1 for a range of generator and valve
settings. As the load factor A. is increased (either by increasing
excitation current ie1 or by moving the load resistance RL towards Ri
from either side), the tu=ine speed U is seen to decrease continuously. A
wide range of turbine speeds appears to be achievable using a combination
of generator and damper control. For example, if the excitation current is
varied by a factor of 1.414 abo— and below nominal, this changes a 9 by a
factor of 2, and allows U to change between about 30 and 62 m/sec.
Similarly, by 9djusting the valve opening such that Ktot varies between
25 and 60 Kg/m (at fixed load) U can be varied between 37 and 55 m/sec.

On the other hand, as Fig. 3.6.1 shows, loaf) variations tend to have
only a minor effect on mass flow rate and pressure ratio. In fa^.t, an
interesting aspect of this calculation is that m and i t = poi/poz
bath have an extremum (minimum for 1n, maximum for an t ) in the probable
control range. Thus, for example, for a valve setting of Ktot = 40
Kg/m , the two generator settings ^ 9 = 0.012 J sec and ag = 0.127
both give the same external turbine parameters; i.e., m = 2.41 Kg/sec,
it = 1.2. Of course, the internal parameters, such as velocities and
flow angles are quite different, since U = 91 m/see at the first of these
settings, while U = 28 m/sec at the second. Therefore we can explore a
large range of turbine aerodynamic conditions by load variations, with only
minor changes in compressor power, flow rate or other factors. These other
parameters are then most easily controlled by valve adjustments (fo; in-
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stance, at the nominal generator setting, m varies from 1.95 to 2.47
Kg/sec and nt from 1.18 to 1.31 by Ktot changes between 25 and 60
Kg/m ).

Further variations of m can be obtained by opening the bypass
valve. For a fixed m there are various combinations of main and bypass
valves giving the same -a t ; the value of the bypass is that it allows
lower turbine flow rates with no danger of compressor stall. The calcula-
tion can be modified easily to account for bypass. Assuming the bypass line
is immediately across the compressor, its pressure drop is CP C , and its
flow rate is mB = 6c -mt where mC and
mt refer to compressor and turbine, respectively. Then, if K B is
a pressure loss factor for the bypass valve,

CPC = KB rn' = KB uB
	

(3.6.13)

where uE is a fictitious bypass velocity defined as
uB - h(ux/mt ). 11. (3.6.13), together with the
compressor characteristic (Eq. 3.6.8) and the (line + main valve) loss
equation

a pc - Opt = ( Kv * KL ) ux	 (1.6.14)

can be solved for u B , giving

2	 2
Kc 

ux	 (..KC 

ux 
1	

- aPCo - 
KC ux	 (3.6.15)uB 

= - KB - Kc +
	 ^E	

Kc	
KB - uc

and then.

a p t = KB uB - (K 
tot- KC) LX	

(3.6.16)

where we have reintroduced K_ot - Kc + Kv + KL as a measure of the
main valve position. The tu. •bine pressure ratio is then

2P + CP

tn t = 2p - ap 	 (3.6.17)
L

and this factor replaces that in parentheses in Eq. 3.6.12. Fig. 3.6.2
shows the calculated results for the nominal generator setting (i g =
0.0556).
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Q = A S2 - 0.639 U
9	 9

(3.6. 1B)

Finally, it is of interest to examine the stability of the loop opera-
tion. For this purpose we select the nominal settings only (Ktot - 40,
Xg • 0.0556), but qualitatively similar results can be obtained for all
other settings. The procedure will consist of plotting the torque-speed
curves of turbine and generator and examining the nature of the equilibrium
point (point of intersection).

For the gererator, we have, from Eqs. 3.6.5 and 3.6.6, P g a X 
0 , i.e., for the torque Qg.

For the turbine, we read on Fig. 3.6.1 the value of m corresponding
to a particular U (for the nominal Ktot), We then calculate ux =
m/o.A = m/0.087 and W = U(4.48u x - U) and, finally,

Qt = WRm
	

(C, = U/0. 129)
	

(3.6.19)

The results are plotted in Fig. 3.6.3. It is cl6sr that the equilibri-
um point, at U = 45 m/sec, Q = 19.5 Nm is a stable operating point, since
an increase in spin rate would entail a drop in turbine torque and an in-
crease in absorbed (generator) torque, leading to a slowdown back to equi-
librium.
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3.7 Test Section Desion

3.7.1 Test Section Concept

Since the test section is clearly at the heart of the experimental
facility, we recapitulate briefly here the objectives of the tests as
a way to obtain guidelines for the design. We wish to obtain measure-
ments of the transverse forces arising due to small transverse dis-
placements of the rotor with respect to its case, and we wish to do so
for a reasonable variety of blade-tip configurations, including
shrouded vs. non-shrouded, various levels of mean clearance, various
tip sealing arrangements, and various axial stator-rotor gaps. In ad-
dition, we want to allow access for a number of probes for detailed
study of the flow patterns in some cases. These objectives prompt the
following guidelineb:

(a) The rotor should be mounted on bearings which are laterally re-
strained only by stiff force sensors.

(b) Axial displacement of the rotor and rotation about transverse
axes should be restrained by separate means which do not con-
tribute force components in the transverse direction.

(c) The turbine casing should have the capability for precise lateral
displacements, without interfering with the fixed bearing sup-
ports.

(d) Since such a displacement is bound to induce fluid forces on other
parts of the rotor, especially the stator seals, a provision must
exist to either e:iminate or separately measure such forces.

(e) The design of the test section should allow modular replacement of
segments with as little complication as possible, in order to
facilitate extensive parametric testing,

(f) Access fo:• pressure, velocity, temperature and other sensors
should be as direct as possible.

These considerations have led to a conceptual test section arrangement,
which is shown in Fig. 3.7.1 and which, in general, is similar to that
employed by Urlichs (Ref. 7) in his open-loop tests with air. The turbine
shaft is simply supported on two roller element bearings ,which are them-
sel %rea supported by four transverse bars each. These bars are part of a
support frame which is connected to the load cells and which will be dis-
cussed more fully in Sec. 3.8. The casing is split in two, one part for the
stator and the other for the rotor; each of these is mounted on a carriage for
transverse displacement, and both can collectively move axially by means of an
additional carriage. In this manner the horizontal off-centering of each, the
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stator and the rotor, plus the axial gap between them, can be separate.,
led. Since the test section is part of a closed loop, tight sealing of the
working gas is required. This requires the use of flexible rubber or metal
bellows seals at the ioints between movable casing sections and at the points
where the support bars go through the .fixed casing. These last seals may intro-
duce small un!,.lanced forces on the support system, but with some care these
should be only minor and can in any case be calibrated against. Although the
transverse bearing support rods will introduce some disturbance to the inlet
flow. we will ensure that these are small by reducing the rod cross-sections and
by fairing them.

Additional construction details on the test section are discussed in the
remainder of Section. 3.7.

3.7.2 Choice of Stator Sealing Geometry

Since our primary concern is with rotor tip effects rather than with stator
effects, we will in our design attempt to isolate any side forces arising from
the required stator seal when the casing is offset. Figs. 3.7.2(a) and (b)
represent two possible approaches to this end.

In the design of Fig. 3.7.2(x) the seal-off centering forces are minimized by
ieaving a wide gap at the rim, with no sealing strips, and placing the sealing
strips on the upstream and downstream surfaces. The drawback of this arrangement
is that it makes it difficult to effect variations of the stator-rotor axial gap,
a parameter shown to be important by the work in Ref. 7.

In the design of Fig. 3.7.2(b) the sealing is done on the stator rim, thus
allowing unimpeded axial displacements of the casing. If the radial sealing is
done with a labyrinth, seal side forces will then arise when the casing is
displaced laterally. An alternative possibility is to use a floating ring or
floating brushing radial weal, in which case a certain amount of radial
displacement can be accommodated by the floating stator element with no change in
clearance, and hence with no generation of side forces (or at least with reduced
forces). Most interest in our testing attaches to the rotor-generated side
forces, with a secondary interest on the forces due to the stator tips on seals.
Thus, two approaches appear most indicated for our purposes: (a) Use
floating-element radial seals to mimimize stator forces, and (b) Use a radial
labyrinth with independent side displacement (as shown in F:j 3.7.2 (b)). In
the second case, measurement of the side forces with various combinations of
(small) stator and rotor eccentricities will separate their respective
contributions. In the first case (floating element seals), a more direct rotor
force measurement is is obtained, but no information is gained on stator seal
effects.

We propose to employ both types of radial seals: if a satisfactory design
of a floating element seal is evolved, with sufficient lateral compliance
('0.3mm) and low side force, this will be used for the majority of the tests.
The force contribution of the stator seals will be measured in spe_'.al tests with
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a radial labyrinth seal, which will also serve as a back-up for the other design.
Both types allow free axial clearance adjustment.

3.7.3 General Assembly and Replacement of Modular Parts

The test facility will be called upon to support a variety of configurations,
as will be discussed in the section on the test program. Particularly important
will be the ability to change the configuration of the turbine tip area. This
will be required at a minimum for the preliminary testing of efficiency vs.
nominal clearance. In addition, it is necessary for testing of various tip
sealing arrangements in shrouded turbines and, possibly, of surface treatments in
unshrouded cases. It is then desirable to minimize the amount of work needed to
replace that particular section, as well as, more generally, to allow a
relatively simple assembly and disassembly of the whole test section, such as
will be required when changing rotor blading.

Although full detail on this matter must await final design, it will be
useful to discuss here a preliminary conceptual design showing at least the
feasibility of such partial or total disassembly. With reference to Fig. 3.7.3
we will assume the test section initially assembled in the configuration shown.
We wish to replace the ring labelled (9), which constitutes the rotor tip casing.
As a first step, the first section of downstream ducting (1), which is assumed to
be built in the form of an axially split cylinder, will be opened and removed
(its actual length may be greater than shown in the sketch). The first section
(2) of the inner duct is also similarly removed. The flexible coupling (3)
between the turbine shaft and the dynamometer can now be slid to the right and
the connecting s),aft removed. This will leave a section of turbine shaft bare;
this can now be supported on an external jack or other suitable base (4) prior to
removal of the right-hand bearing supports.

To allow access to the inner rings of the casing, the vertical bars support-
ing the right-hand bearing must now be removed. Prior to this, the bellows seals
such as (5) must be loosened and the bars disconnected at their upper linkage
points to the support frame. They can then be slid out of the way. A number of
possibilities exist now, including sliding out the rings, such as the bearing
outer race (7), as far as the external support would allow, then inserting a
second support on the other side and completing the removal. A simpler and more
precise technique is to use a number of holes (13) ;to be capped in operation) in
the turbine disk to insert hardwood pegs between the stator and its rotor land,
thus providing support for the shaft and allowing removal of the external support
on the downstream side. Detailed stress calculations should be made on the disk,
but since the required rotation speed is not high (less than 50 m/sec at the
blades) the holes should pose no problem.

Having clew 5 the right-hand side of the machine, the bearing race (7), the
internal downstream lining (B) and, finally, the ring (9), can be simply removed.
They can be replaced and re-assembled following the inverse sequence of steps.

if the rotor were to be removed as well, the process would continue by
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unlocking the left bearing retainer at (10), removing the support pegs and slid-
ing the complete shaft assembly to the right.

3.7.4 Rotor Mass and Natural Frequency Estimates

i
According to Secs. 3.2 , L 3.4, our first t9st turbine will have an outer

diameter of 28.2 cm, with blades of 2.2 cm height. The shaft dimensions are less
well defined at this point; a distance of 50 cm between bearings, and a shaft
diameter of 5 cm (solid) appear adequate for a preliminary layout. The rotor is
then as sketched in Fig. 3,7.4.

Assuming steel for the material of construction, those dimensions give an
estimated mass of 7.7 Kg for the shaft, 10.4 Kg for the rotor disc, 4 Kg for the
stator land, and an estimated 0.7 Kg for the 40 brass blades.

If we lump the disk, stator land and blades together as a central mass, the
first natural pinned- p inned frequency of the shaft can now be estimated from the
expression

	

w(Hz) = 2
	 3 E I

	

n	 L3(Mc + 0.49 Msh)

where I= n/4 R 4 is the bending moment of inertia of the shaft and Mc, Msh
are the "center.Tass° and shaft mars, respectively. E is the Young's modulus,
taken as 2.1x10 N/m for steel. We obtain I = 3.07x10 -gy m , Mc = 15.1
Kg, Msh = 7.7 Kg, giving

w = 182 Hz = 1'',920rpm

This frequency is more than three times higher than our nominLi rotation
rate, indicating that shaft flexibility will not be a significant factor in the
dynamics of the test rig. However, other elements in the support assembly must
be considered as well. In particular, the load cells themselves have significant
flexibility (Sec. 3.9.2). A strain-gauge load cell with a 445 N (100 lb) full
load rating will be unlikely to have less than about 0.175rru p (7 mils) full load
deflection, giving a stiffness

6
Kcell = 2.50 x 10 N/m

Assuming the mass of the rotor system plus the support frame is about 50 kg,
the frequency of oscillation corresponding to the cell flexibility alone would be
32.5 x 10 /50 = 224 rad/sec = 2140 cpm. This is below the design operating
point of 3000 rpm, and would be further lowered by bearin g and frame flexibility.
Although it might be possible to lighten the rotor or use a heavier load cell (at
a sacrifice in resolution, see Sec. 3.9.2), it appears to be difficult to design
the rig for sub-critcal operation.

1
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Fig. 3.7.4 Approximate rotor dimensions.



on the other hand, super-critical operation is commonplace in jet engines
and many other turbomachines, including both SSME turbopumps. The resonant
effects are minimal for rotation rates above 1.3wcr. ( wcr being the shaft
resonance or critical frequency), and instabilities are unlikely to develop at
rotation rates lower than 2wcr ( Ref. 3), and then, for mechanisms other than
dry friction or oil whip, they will only be likely at high power levels; this is
in particular true for Alford forces. with careful mass balancing, the shaft
c.g. will be within a few microns of the shaft geometrical center, and so,
although the shaft will tend to rotate about its c.g. rather than about its axis,
the difference will be insignificant for the purposes of our experiments.

With this in mind, it is reasonable to select a target resonance frequency
of

wcr = 1600 to - 'JO cpm

= 178 to 186. 5 rad/sec

For instance, if wcr = 1750 cm, and if the test program covers from 2500
to 3500 rpm, we would be in the range of w/w cr from 1.43 to 2, which appears to
be safe and quiet.

The bearing and frame flexibilities are in series with that of the load
cells. Thus, if wcr = 1750 cpm, their combined st^ffness must be 1.68 x 100N/m.
If we assume bearings with stiffness well above 10 N/m, the remaining major
flexibility is that of the frame bar sucp,;rting the load cell ( see Sec. 3.8).

For a pinned-pinned bar of length 1 and bending moment of inertia I, its stiff-
ness is Kbar = 48EI/1', where E is the Young's modulus of the bar material.
A steel tube of 3.0 cm outer diameter and 0.6 cm thickness, with a length of 50
cm (the distance between bearings), will have Kbar = 6.7 x 107N/m, and will
thus be adequate for our purposes, since a value of 5.12 x 10 0 N/m would combine
with the cell stiffness to yield the required KTOT•

As indicated, no rotordynamic instabilities are expected to develop in the
planned speed and power ranges. On the other hand, if one were encountered that
could not be suppressed at its root, there is the possibility of introducing
viscous damping between the bearing support frame and the ground.

3.8 The Bearing Support Frame

As discussed in 3.7, the bearing support frame should transmit the rotor
transverse forces to the load cells while absorbing axial loads and all moments.
The principle of operation is schematized in Fig. 3.8.1. The load cells (3) and
(4) restrict any displacement of the frame in the plane perpendicular to the
shaft. They are attached to the shaft by means of articulated joints capable of
transmitting only uniaxial force, thus decoupling each cell from slight motions
in other directions. The system of roller element guides (5), (6) and (8) would
of itself allow any translation of the frame, includin g axial tranZ-ation. This
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is restricted by cables (7) with adjustable tension; in this manner, the support
frame is free of any bending moment due to the turbine thrust force. This also
eliminates thrust loads at the bearings, thus reducing friction. Torques on the
frame in the horizontal plane are resisted by both the cables and the transverse
guide bars, while pitching torques are resisted by the vertical guide bars. Any
torque about the shaft axis transmitted by the bearings is similarly absorbed by
the vertical and transverse guides.

The load calls should be under a positive (but small) tension to avoid
.linkage backlash errors. The arrangement of Fig. 3.8.2 ensures this. A levered
counterweight will absorb the larger part of the rotor weight, leaving a small
fraction as preloading for the vertical load cell. Preloading for the horizontal
cell is provided by a separate small counterweight.

The general arrangement of the frame in its relationship to the turbine
casing is shown i.. Fig. 3.8.3.
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3.9 Instrumentation and Data Acquisition

3.9.1 Instrumentation Layout

The quantities to be measured and the instrumentation required belong
to one of three categories:

(a) Facility status and operating parameters. These include mass
flow rate, measured by means of a low pressure drop contraction,
such as a Venturi or a faired orifice, upstream and downstream
total temperatures and pressures, gas composition, rotor rotation
rate, braking torque and casing vibrations.

(b) Variables used for Alford force determination. To this category
belong the rotor position measurements and the bearing support
forces, plus the pressure distributions on rows of taps over the
stator and rotor beading.

(c) Variables of value for detailed flow mapping. These include the
hot wire or wedg y, probes to be mounted on movable instrument
rings placed upstream and downstream of the stage.

The pressure and temperature measurement points are shown in Fig.
3.9.1, with an "anwripped" layout, as in Fig. 3.9.2. "Reservoir" condi-
tions are established at location (0), ahead of the test section, by means
of two total pressure and two total temperature sensors. These will serve
for monitoring purposes, while a detailed traverse will serve to establish
the releva , it profiles.

After contraction, but far enough from the stator to be unaffected by
its eccentricity, a series of static and total pressure probes and of total
temperature probes at mid-span will establish the approach boundary
conditions (station (1)).

Tne corresponding downstream conditions will be provided by azimut"ally
distributed P and T probes ((8), (9)), as well as by the velocity and total
pressure scannings made possible by the downstream instrument ring (7).
These measurements, together with those of mass flow rate, rotation speed
and torque (see Table 3.9.1), will allow a complete performance
characterization of the turbine.

The upstroam (2) and downstream (7) instrument rings can rotate through a 900
arc each allowing continuous scanning in the azimuthal direction by means of
three clusters of instruments distributed as shown in Figs. 9.3,1 and 9.3.2.
Each cluster contains one primary
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three-hole wedge probe (or hot wire probe) for velocity magnitude and direction,
and one additional identical probe with its point of penetration shifted 30° to
allow spanning of the blind arcs and to provide data redundancy. One of the
probes will be made to traverse in the radial direction. The rings thamselves
are part of the inner shell of the test section, and communicate with the outside
through three partial grooves (90 0 each) cut in the outer shell.

The stator seal region and the blade tip casing are each instrumented with
three rows of eight pressure taps each. In addition, two rows of taps will be
provided near the tip and hub, respectively, of the stator-rotor gap in order to
facilitate interpretation of performance (stator-rotor split) and offset effects.
One more row of taps will be provided near the downstream rotor hub (station
(6)). This large number of pressure measurements will be made possible by the
use of at least two scanning valves, as indicated in Fig. 3.9.2. A third scan-
ning valve may be required to consolidate most of the remaining pressure
measurements.

3.9.2 instrumentation Reauirements

in order to establish instrumentation requirements, it is useful
to estimate upper and lower limits on the effects to be measured. The
nominal output power of the unshrouded test turbine is about 7 KW (see
Sec, 3.4) at a rim speed of roughly 40 m/sec, giving a mean azimuthal
force of 175 N. If the "nominal" lateral offset is taken to be 0.3 mm
and the Alford G is taken as 3, then„ for a blade height of 22 mm we
obtain a side force of the order of

F = 1.5 x 175 x 
0 22 = 3.6 N = 350 gm.

Thus, for operation at reduced power and with offsets as low as

can be reliably measured (% 0.1 mm), we are likely to see miilmum
forces to be measured of the order of 60 gm; conversely, the maximum
force may be of the order of 1-2 Kg.

If a substantial fraction of these forces can be attributed to a
pressure nonuniformity of the type p = p o + p l sin 6 (which is
likely for shrouded blades, at least), then the amplitude of the
pressure variation, p l , will be of the order of F/rtR, where t is
the axial length acted upon by p l . Using t - 2 cm, R - 13 cm, we
obtain

P i
	\, 74 N /m2 ti 0.010 psi % 0.5 mm Hg % 8 mm H2O
min
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Table 3.9.1 Other Instrumentation

Variable Symbol Sensor Transducer Number

Side Forces Fx , F Strain Gauge 2y
Load Cells

Venturi Pressure Trans- 1
Flow Rate m ducers

Rotation Rate Magnetic 1
Pickup

Torque Q Flex. Mount Strain Gauges 1
on DC Brake

Axial Cap 6 Micrometer + Proximeter 1 each
a

Radial Gap 6 r(9) Micrometer + Proximeter 3 each

Air Concentration x Speed u_ Spark + Ificro- 1
a

Sound Meter phone

Frame + Case a Accelerometers
Vibrations

i



'•IThis is at the lower end, but well within the measurable range with
i	 standard instruments (the typical resolution of a 2 psi transducer is of the

order of 0.002 psi). On the other hand, little difficulty is to be anticipated
for measurements in the "nominal" range.

Regarding the measurement of the forces themselves, the most severe
constraint is that the load cells should be stiff enough to allow an
adequately high first natural frequency (see Sec. 3.7.4) and to avoid
interference with the turbine centering. A small yielding of the cell,
say, less than 20% of the mean gap, can be tolerated, provided it can be
accurately monitored, but it is likely to complicate operations and data
reduction. If we impose, for example, a 0.05 mm (2/1000 inch) yield under
a 10 kg load (as may be used for cell pre-loading), the required stiffness
is 2 x 10 N/m, which, according to Sec. 3.7.4 is also adequate for
dynamic purposes. This high stiffness can always be achieved with cells
of high enough load capacity, but a limitation may be encountered tnen in
terms of resolution. As an example, one particular line of high quality

t^

	

	 ,train-gauge cells which are available cc .iercially has full scale
deflection of 0.175 mm (7/1000 inch) for full scale loads of 100, 200, or
500 lbs (445, 890, or 2220 N), and have minimum total errors of the order
of 0.02% of full scale. Selecting the 445 N type gives a stiffness of 2.5
x 10	 with a resolution of 0.09 N (9 gram); the stiffness is doubled
for the 890 N type, but so is the minimum accurately measureable force.

one aspect of the test apparatus that will facilitate precise measure-
ments is that, for static tests, which are the most important part of the
test series, time-resolved data per se are not required, and so the
sampling rates can be long and there are nc stringent requirements on
length of pressure lines or mass of thermal sensors. This is in contrast
with the requirements of the whirling seal test facility, where time
resolution is essential. The requirements for the dynamic tests on both
rigs are discussed in Sec. 3.11,

3.9.3 Data Acquisition

A count based on Fig. 9.3.2 and Table 9.3.1 indicates 107 pressure
measurement points, 15 temperatures and 10 other miscellaneous data
channels (prcximeters, load cells, torque meter, tachometer). Thus,
without including other potential data (from compressor or brake, for
instance), we obtain 132 data channels. However, most of the pressure
measurements will be made by the transducers connected to three 48-
channel scanning valves. As shown in Fig. 3.9.2, two of these will be
dedicated to the wall taps in the stator and rotor blade regions, re-
spectively. A third scanning valve will be used to consolidate the
probe pressures of either the upstream or the downstream instrument
rings, plus perhaps an assortment of other pressure lines. In addi-
tion to the obvious savings in transducers, am plifies and digitizers,
this approach has the advantage of largely avoiding calibration dif-
ferences among many transducers. Depending on the precise configure-
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tion of absolute and differential pressure measurements, and including some
channels not in the test section area (such as for the flow rate meter), the
approximate number of required transducers, and hence pressure data channels,
is 12.

The temperature data can also be consolidated prior to A/D conversion by
means of thermocouple switches. Thus, only two or three A/D channels will be
needed here. Adding the other instrument channels, we arrive at a number of
approximately 26 required digitizers. This should not pose severe data-
handling difficulties, but will require some software development, for correct
interfacing to the computer used for data acquisition.

3.10 Teat program

in an ideal sense, the test measurements should be performed for a
reasonably large number of values of each of the following parameters:,

Nominal radial gap,	 60
Turbine speed,	 0
Turbine flow rate,	 m
Axial gap,	 6X
Eccentric dis p lacement, 6.

and this should be repeated for each type of turbine, both non-shrouded and
shrouded.

Since this would yield a very large number of test points, making the
program prohibitively lengthy, some judgment must be used to select a smaller,
but still comprehensive, subset of conditions.

First of ail, as already explained in Se::. 3.2, we will focus attention
on only two turbine blade types, one without and one with a shroud band.
These are representative of the type of turbines used by the current SSME
turbopumps. For a shrouded case, only one seal arrangement (to be specified
later) will be chosen. Fcr each of these configurations, three turbine
casing rings of slightly different diameters will be testeu, to study the
effects of variable mean radial gap. Thus, there will be altogether 3x2 =
6 configurations to be tested, implying a minimum of 6 assembly-disassembly
cycles of the test section, and also 6 Freon filling loads. This
discussion is summarizes in Table 3.10.1.
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As indicated in the table, three values of the axial gap are tested in
every case. The turbine operating parameters Q, m, however, are to be
fully scanned for only one selected value of the nominal radial gap for
each turbine. For this selected configuration, a 5x5 matrix of turbine
parameters about the design point will be tested (sec also Sec. 3.2); for
other mean radial gaps, only the turbine design condition will be used. In
every case, the zero-offset point will be tested first, to obtain nominal
turbine performance values, particularly turbine efficiency. Subsequently,
a detailed scan of lateral offset will be performbd, noting the variables
of interest for Alford force determination. For one axial gap value in each
case, a dynamic test will be conducted at the rig natural frequency. A
more detailed set of dynamic tests, at various whirl frequencies, will be
scheduled later, if these preliminary tests indicate significant effects.

As Table 3.10.1 shows, this procedure leads to a minimum of 84x2 = 168
traverses, each of which should be repeated a number of times (at least
three times) to reduce random errors. The lengthiest testing will occur
for the selected radial gap, when the turbine map is to be scanned. As a
reasonable guess we may assume 30 minutes per set point in this case, which
indicates 75x30/60 = 38 hrs. of test time under ideal conditions. Counting
interruptions, spot check repeats, etc., this points to a test time of
about two weeks for the nominal gap case of each turbine-seal configura-
tion. To this we must add the time for three cycles of evacuation, disas-
sembly, turbine casing ring replacement, assembly realignment, and refil-
ling. Each such cycle is likely to require two to three weeks of work.
Thus, for each turbine-seal configuration a minimum test time of about
three months is anticipated, or six months for the four turbine-seal cases
to be studied. A more realistic estimate considering such factors as
facility down time, etc., is of the order of one year.

In addition to this main test sequence, a ntunber of other tests are
planned. These include Alford force measurements far an assortment of
other conditions, in an effort to reach out for parameters not covered in a
systematic way, plus detailed flow explorations for one or two particular
configurations. Examples of tests of the first type above are:

- Tests with freon-air mixtures to study the effect of varying the Reynolds
number over a relatively wide range (ti 1/4 to 1).

- Tests with a different stator seal to verify the separation of effects
achieved with the nominal design (see Sec. 3.7.2).

- Dynamic tests for a range of whirling (critical) frequencies for selected
configurations.

- Tests with other configurations suggested by the results themselves.

As to the second type of tests; i.e., detailed flow mapping, the aim will
be to obtain the necessary d.• ta to correlate with the theoretical treatment
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explained in Sec. 2 of this report. This must include static and stagnation
pressure mappings in the vicinity of the stage, as well as hotwire velocity
vector maps in the same areas, using the instrumentation described in Sec.
3.9.1. This detailed exploration will be made for only some selected config-
urations. As a preliminary plan, these should include the nominal configura-
tion of each of the test turbines at their nominal mean gap, plus perhaps four
off-design conditions of each of these. It is clear that the nature o the
results themselves should serve as a more detailed guide for a final choice of
configurations to be studied.

3.11 Dynamic Tests

As discussed in Sec. 2 of this proposal, existing theory predicts
significant damping effects in the labyritth seals -,f shrouded turbines,
and smaller damping effects for the unshrouded case. There is no
experimental information for either configuration, and we propose here to
conduct tests aimed at obtaining such data, in a separate seals test
facility for the shrouded case, and in the same facility used for the
static tests in the unshrouded case (confirmatory dynamic testing of the
shrouded turbine will also be made in the turbine test rig).

In principle, one set of direct and cross-force measurements at zero
whirl (static offset only), plus one or more at some nonzero whirl speed,
will be sufficient to calculate both the K i• stiffness coefficients
(see Sec. 2) and the C: j damping coefficients. Alternatively, a static
measurement can be combined with a measurement of either the lag-decrement
of free vibrations or the Q-factor of forced vibrations in order to obtain
the damping coefficients. Both approaches are proposed below, since there
are advantages to each for the separate cases of shrouded and unshrouded
blades.

:.11.1	 Seal Dynamic Test Facility

In a seals test facility in which whirl is driven externally, two
approaches are possible for obtaining data on the velocity-dependent side
forces:

(1) Driven whirl, reaction force measurement

(2) Driven whirl, measurement of seal pressures

The first method is in principle the most desirable, since the information
cn the forces is obtained directly. However, these; forces are superimposed on
others arising from mechanical and inertial coupling with the whirl driving
mechanism, and a careful design and signal processing is required to extract
the seal forces. The second method is an extension to the dynamic rung* of
the method used successfully in Ref. 21 in a static offset uituation. Here the
forces are obtained by integration of pressure distributions measured around
the periphery of each gland in the labyrinth seal; since these pressures vary
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at the whirl frequency, and their variations are small, special precautions
must be taken in the pressure-sensing arrangement.

in order to obtain fundamental information on theca effects, we are begin-
ning the construction of a labyrinth seal whirl facility based on the second
of the concepts above, with funding based on an AFOSR grant (Ref. 30). A
more applied goal is, naturally, to obtain force data by the integration of
these presures around the periphery. Wright (Ref. 25) has obtained some data
which indicate that the correspondence between net force and pressure force is
less than perfect, although it appears that his tests were made with very low
and uncontrolled flow preswirl, which would minimize the level of force and
thus amplify measurt,nenmt errors. Since we will be separately making direct
force measurements, as well as pressure distributions, on a statically offset
turbine shroud seal, we should be able to compare these two approaches for the
static case at least. Additionally, our vibration tests in the turbine test
rig will also give us a direct comparison between pressure integration and
farce data under dynamic conditions.

The design goals for the dynamic seals facility are (1) Ability to produce
both spin and controlled whirl motion of the test rotor. (2) Realistic seal
pressure drops, i.e., a pressure ratio of up to 1.3 on ^..e last seal strip.
(3) A constriction Reynolds No, of no less than 1.5-2x10 to avoid unwanted
low Re effects. (4) Linear rotor speeds up to 100 m/sec. (3) Capacity to
accommodate various seal types and number of chambers. Secondary specifications
are a reasonably large nominal gap to facilitate precise eccentricity control,
and solid construction to minimize vibrations.

The test section design is shown in Fig. 3.11.1. The rotor diameter is 30
cm, such that a linear speed of 100 m/sec can be reached by driving it at 6370
RPM through a flex-couplin g . The whirl motion (up to about 3000 RPM) is pro-
duced by supporting the rotor on bearings located eccentrically in a sleeve
which is separately driven through a cogged belt by a separate motor. Table
3.11.1 lists several test parameter combinations achievable.

(

a	 ^
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Table 3.11.1

N (No.	 of

Strips)

Po/Pe

(Press.	 ratio)

Po

(atm)

6 Nominal

gap (mm)

m

(Kg/sec)

Re	 Axial

gap Re No.

Operating

Made

2 1.54 1.54 0.6 0.127 15,000 Steady

2 1.54 1.54 0.8 0.169 20,000 Steady

2 1.54 1.54 1.2 0.254 30,000 Blow-Down

20 3.85 3.85 0.6 0.127 15,000 Steady

20 3.85 3.85 0.8 0.169 20,000 Steady

20 3.85 3.85 1.2 0.254 30,000 Blow-Down

The primary data collected will be in the form of instantaneous pressure
distributions around the periphery of each gland. This means a minimum of 6-8
flush-mounted sensitive transducers per gland. These will be differential-
pressure sensors, with the reference connected to an annular cavity filled
with a damping material and connected through small orifices to several points
on the cavity; the cavity will thus provide a mean pressure reference.

The steady operation will be with a direct connection to our Gas Turbine
Laboratory oil-free compressed air supply. For higher f}ow tests we can
operate in a blow-down mode using the approximately 60 m of pressurized air
storage available.

The test rotor supporting the labyrinth seal is of solid construction,
allowing no throughflow, except for the small amount required to pressurize
the thrust balancing cavity. There is thus some question as to 0'e possible
interaction between the blading flow in a shrouded turbine and the seal
leakage flow, The flow rate limitations on the seal facility preclude the
testing of an actual shrouded turbine; however, we can, once again, investigate
this potential interaction for conditions of static offset in the Alford force
facility, by simply blocking the turbine annulus and bypassing most of the
Freon flow.

We emphasize here that the seals test facility will be under complete MIT
control, and that we intend to dedicate it to the project here proposed with
priority over any other research program.
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3.11.2	 Dynamic Tests in the Turbine Test Facility

The first priority in our experiments in the turbine test rig will go to
the measurement of static 2orces from static deflections. However, dynamic
(whirl) tests can, and will be also performed in this rig in order to
supplement those planned for the seals test rig. The latter facility will be
specifically dedicF,ted to the measurement of the time-dependent pressure
patterns in the glands of labyrinth seals, at leakage Reynolds numbers several
times higher than can be achieved in the turbine test rig, but it will not be
capable of addressing the problem of pure Alford forces (un-shrouded blading)
because of (a) lack of direct force measuring capability, and (b) flow rate
limitation to about 0.20 kg/sec of air.

To ensure a correct representation of the dynamic effects in the Alford
forces on a rotor, the reduced whirling frequency AR/V (A = whirl frequency,
C = a representative length, such as the blade height, V = a characteristic
flow speed, such as the axial velocity) must be matched. We have already
designed the test rig such that wR/u x is the same as in the HPFTP 1st 6.age,
where w is the wheel rotation rate. Since the geometrical ratios, like ¢/R,
are also matched, all that is needed is a match of the frequency ratio Q/w.
For the SSME turbopumps, the lst critical freouencies, which are the expected
whirling rates, are in the range of 0.4 to 0. f, of the rotation rate (Ref. 32).
Therefore, if we excite oscillations of the bearim_ support frame at its design
natural frequency (1750 rpm), while the turbine is tuning at its design test
speed (3000 rpm), we obtain dynamic conditions entirely representative of
those in the HPFTP. This can readily be done with very little modification of
the rig as it was designed previously.

The whirling frequencies involved (about 30 Hz) are low enough that
detailed time-dependent force data will be directly obtainable from the load
cells, although, of course, corrections will be necessary for the inertial and
damping effects of the vibrating assembly. Additional information can be
obtained from the time-dependent position sensors, in the form of either (a)
The log-decrement of the damped response if a purely passive vibration is
used, (b) The width of the resonance peak if one or two electromagnetic
shakers are used to actively excite the vibrations. on the other hand, the
frequency response of the pressure sensors, in the configuration used for the
static tests, will probably be insufficient for a detailed time-dependent
recording of pressures. If the combination of force and displacement data
obtained in the vibration tests during the main test sequence indicate a need
to refine the time-dependent flow data, we will consider a special test
sequence with flush-mounted gauges analagous to the configuration for the
seals facility.

fy

)1

8

Another direction in which these dynamic tests can be extended if
warranted is to include additional controllable flexibility in the bearing
support frame in order to allow vibration tests to be performed over a range
of critical frequencies below the design value of 1750 cpm. Exter. ions to
higher critical frequency could also be made by eliminating the load and
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relying on vibration decay only. Tests at lower rotation speed for a given
critical frequency may provide similar data.

The most difficult part of the dynamic tests contemplated here is the
separation of the blade- or seal-induced whirl damping from other sources of
damping in the system. This is a generic problem, unrelated to the methods
u.ad to measure total damping; it could be avoided only by some method that
would measure separately the individual blade forces in sufficient detail to
allow local separation of mean and Alford forces. Given the smallness of the
latter in comparison to the mean force, and the other effects associated with
the rotation (centrifugation, vibratory environment), this approach seems
quite difficult to implement at present. At this point the best course
appears to be to conduct a careful set of tare rune (with no blades, or with
no flow) to determine separately the non-Alford damping, and then correct the
overall damping data. According to our best estimates at this point, this
appears also difficult to accomplish with good accuracy.

By way of example, let us consider the nominal conditions (w = 3000 rpm,
turbine power 7 7 kw) for the model HPFTP turbine stage (diameter = 26 cm,
blade height 5 2 cm). Assuming p - 3.0, we have estimated (Sec. 3.9.2) a
cross stiffness Kxy = 1.2 x 10 N/m. According to our analysis in Sec. 2,
this is equivalent to a damping constant (either positive or negative) of
Cxx = KxY 4 , and for a natural frequency A s 1750 cpm = 183.3 red/sec,
Cxx = 65.5 (N)(sec)/m. The (negative) log-decrement associated with the
C	 is n Cxx/vMKo , so that, using M = 50 K and K. = 1.6 x 10 N/m
(wwiich gives R = 1750 cpm), this log-decrement is -0.022.	 This is the
reduction in the logarithmic decrement due to the cross-stiffness alone, and
should be measurable without much difficulty. On the other hand, theoretical
calculations to be reported in Ref. 33 indicate that for whirling frequency of
the order of 1/2 of rotation rate, we can expect at most a 10-20% reduction of
the cross-force with respect to its value under static offset. Thus, if we
seek to measure specifically this reduction (which is what can be ascribed to
blade-tip damping), we would need to measure log-decrement changes of the
order of 0.002-0.004. This is indeed small, and its measurement in the
presence of other sources of damping is challenging. On the other hand, if
the theoretical predictions are correct and the effect is this small, it would
be it;deed proven inconsequential; we may regard our dynamic tests as a check
and a search for unexpected effects not accounted for in the theory, which
could conceivably lead to higher, and hence measurable damping forces (this
possibility has been advanced as a possible explanation for the smaller-than-
expected Alford forces experienced by the SSME turbines).
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Conclusions and Recommendationa
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The principal conclusions reached by this study are:

(1) A very small data base exists for excitation blade tip forces in
unshrouded turbines (Refs.7, 19).

(2) A more extensive data base exists for shrouded blading under static
offset conditions (Refs. 7, 12).

(3) In both cases, a detailed fluid mechanical understanding of the
effect is still lacking. •.nus, extrapolations to untested
conditions remain dubious.

(4) No reliable data exist on forces proportional to the gap rate
of change.

(5) Our theoretical modeling indicates an important contribution of the
flow redistribution around the turbine annulus to the Alford force.

(6) Similarly, there is an important contribution of the annulus pressure,
even in unshrouded cases.

(7) There is a good probability of successfully extending the data base as
well as the detailed mechanistic understanding of these effects by
performing tests at a moderate scale.

(8) The teat Reynolds number should exceed the critical level of about
2x10'. This can most conveniently be achieved in a Freon 12 closed
loop facility.

(9) The velocity-dependent forces can be separately explored in a dedi-
cated whirl facility which concentrates on the effects occuring at
the labyrinth seals.

We therefore recommend that a teat program along these lines be insti-
tuted, to be supplementod by careful theoretical analysis both preceding
and following the testa.
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