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DECENTRALISED VELOCITY FEEDBACK CONTROL FOR THIN

HOMOGENEOQOUS AND LIGHTWEIGHT SANDWICH PANELS
by Jens Rohlfing

This thesis presents theoretical and experimental stodiecentralised velocity feedback
control for thin homogeneous and lightweight sandwich panEhis research is motivated
by the increasing interest in lightweight design for fudicnt transportation vehicles.
Lightweight sandwich panels are very appealing due to thigin stiffness to weight ratio

but also exhibit undesirable sound transmission progentiéch could cause problems with
vehicle interior noise. The aim of this work is to assess tdgomance of decentralised

velocity feedback control on lightweight sandwich panels.

The first part of this thesis presents the theoretical modetiuo predict the structural
response, sound radiation and sound transmission thrayle @anels with decentralised
velocity feedback loops. The model is then used in simutasitudies on the intrinsic
limitation of decentralised feedback control for thin hayeaeous and sandwich active
panels under distributed deterministic and stochastidtaians in the whole audio
frequency range. The results suggest that decentralisledityefeedback control on
lightweight sandwich panels is more efficient and can beiegpiver wider range of audio

frequencies than for conventional thin homogeneous panels

The second part of this thesis presents experimental andation studies on a control
system with five decentralised control units with proof-sx@&ectrodynamic actuators,
installed on conventional aluminium panel and a honeycoamawich panel. This study
provides insight in the open and closed-loop response afdgh&ol units and gives a good
understanding of the interaction between the panels andah&ol system. The results
suggest that a practical control system that implementerdeadised velocity feedback
can offset some of the undesired sound transmission prepet lightweight sandwich
structures by efficiently reducing structural vibratiordaound power radiation in the mid

audio frequency range.
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Nomenclature

Symbol Description Unit

Latin Letters:

a Modal displacement

c Wave speed m/s

Co Damping coefficient (Actuator suspension) Ns/m
d Distance between the sandwich faceplate neutral axes

fi Frequency Hz

fo Force N

h Thickness (panel) m

j Imaginary unit defined ag: = v/—1

Ky Wavenumber rad/m

ko Stiffness (Actuator suspension) N/m
l Length m

m Mass kg

P Acoustic pressure N/m?

t Time S

w Transverse displacement m
x x-coordinate (plate axis) m
Y y-coordinate (plate axis) m
z z-coordinate (perpendicular to plate) m
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Chapter 1

Introduction

1.1 Motivation

The decline of fossil fuel stock and global warming are fogandustries for air and surface
civil transportation to reconsider their strategies f@ tbrthcoming generation of vehicles.
Besides ongoing long term efforts in developing efficientpoilsion systems that run on
renewable energy, in the short term, weight reduction isyaf&etor to diminish fuel con-

sumption and thus CQemissions of vehicles.

Aircraft and car manufacturers have already started tosiy&te innovative lightweight

designs for the fuselage of aircraft and the body of cars.nfwrove the fuel consumption

efficiency and yet retain structural strength, new desidgasroraft fuselage and automobile
bodywork involve stiff and lightweight panels, which urtianately have undesired acoustic
properties and efficiently transmit noise generated byreatesources (i.e. jet noise or
reciprocating engine noise), by aerodynamic sourcestigrlgulent boundary layer pressure
fields on aircraft skins or on car bodyworks) and by struchome paths (e.g. engine

induced vibrations or road induced vibrations) [1, 2, 3, 4].

In particular the airframe of the new generation of aircnafblves an increasingly higher
proportion of lightweight composite materials made frombea fibres. Car manufacturers
have also begun to consider lightweight constructions,aigninium and carbon fibre car
bodies, and the use of stiff lightweight sandwich panelserfanim low cost materials such
as plastic or even paper for the core layer. The use of thesenagerials has a direct impact

on the structure-borne and air-borne sound transmissiengrhena.

Passive treatments, such as stiffening, mass or dampiagteats, can be used to reduce



the undesired effects in the dynamic response of lightweghictures although, in many
cases, in order to be effective at low audio frequenciey, tinad to be bulky and introduce
extra mass, which interferes with the new weight requires@r those vehicles [5, 6, 7].
Active control systems enable the design of lightweightrsmpanels that could satisfy both

the requirements for low weight and low vehicle interiorselevels.

This thesis presents a comprehensive study on the vibratidrsound transmission charac-
teristics of smart panels with decentralized velocity feszk control units. The passive and
active control properties for an aluminium panel and a hoamb panel are investigated
in theoretical and experimental studies in order to as$esgetsibility and advantages of
lightweight smart structures against conventional stmgs. The theoretical and practical
studies consider both deterministic and stochastic diatwres, such as acoustic diffuse
field and turbulent boundary layer aerodynamic excitati®wth the theoretical and exper-
imental work consider a wide audio frequency range to agsbkessfectiveness of the smart
panels in the low frequency range where the response of tiedgps dominated by discrete
resonant modes and in the mid to high audio frequency rangeandtoustic and convective

coincidence phenomena occur.

1.2 Technical background

1.2.1 Interior noise in vehicles

This section provides a brief introduction to the main sesrand transmission mechanisms
that produce interior noise in transportation vehiclesré/mtetails about the mechanisms of

noise generation analysed here can be found in Referenc®s [1,

Turbulent boundary layer (TBL) induced noise: The airflow over the outer surface of
moving vehicles can generate high levels of turbulent bamnthyer (TBL) induced noise.

This is quite often the most significant source of interioisedor high travel speeds. For
all types of high-speed vehicle such as aircraft, high-@pgeens and cars the airflow over
the outer surface is characterized by a turbulent boundamer that generates a fluctuating
pressure field over the outer skin surface which excites #fsengpartition structure. The

nature of these fluctuations is random both in the time antadibbmains. The pressure

field is convective in the direction of the airflow, where tloeeective speed is a function of



the free air flow speed over the surface. The pressure fliohsatan be characterized by
pressure frequency spectra with characteristic waventsnibstream and span wise direc-
tions. Convective coincidence occurs at frequencies winergliase of the boundary layer
induced pressure fluctuations matches the phase of the@raesvibration of the vehicle’s
outer skin in the stream wise direction. These phenomendt iasefficient vibration exci-
tation of the cabin walls which then radiate sound into th®rcép generate an acoustic field
that is perceived as interior noise. A comprehensive revkemgsearch on the wavenumber-
frequency spectrum prior to 1996 is given by Bull [8] and mareently Hwang et al. [9]
reviewed and compared semi-empirical models that caketite turbulent boundary layer

wall pressure frequency spectra for various models pusdisiom the late 1960s to 2004.

Propeller noise: Propeller noise is specific to aircraft and is generated bypériodic
interactions between the air and the rotating propelleddsa The noise produced by pro-
pellers can be considered to be deterministic because tiexraged interior sound field is
well correlated to the rotational speed of the propellerscisastic broad band contribu-
tions to the noise spectrum are generated by boundary lagmriénce in the airflow over
the blade surface; however these contributions are lesertant. The characteristics of
propeller noise are influenced by many factors: the powedyred by the propeller, the
blade tip speed, the number of blades, the blade shape arohghe of attack which de-
termines uniformity of the airflow into the propeller. Theduency spectrum of propeller
noise is dominated by distinctive tones. The lowest tonefsrinined by the blade passing
frequency and the higher ones are higher harmonics of thie. highest excitation levels
on the outside of the fuselage skin occur in the plane of tpegiters. The blade pass-
ing frequency can occur at very low frequencies particyléol large rotors as those of

helicopters.

Engine noise: In aircraft, jet engine noise is mainly generated by the ulatt flow of
high-speed and high temperature jet gases in the engingbeainanixing with the airflow
behind the engine. The generated disturbance is stoctaastibroad-band with a small
convective pattern in the direction of motion. Jet noisentyaaffects the aircraft cabin
section behind the engines and is particularly strong dutight manoeuvers such as take-
off, climb, thrust reversing and landing. Jet mixing noiseefficiently reduced for high-
bypass jet engines that operate with higher flow volumesdaliiged flow speed. However,
the inlet compressor of this type of jet engine generatesl tam buzz saw noise, which is

radiated towards the front part of the aircraft.

3



In some cases sound radiation from the engine cage outacswbduld also affect the noise
levels inside the cabin. In the same way noise form recighogaombustion engines in
cars is directly transmitted into the passenger compattwiarthe bulk head panels. The
noise from reciprocating engines is characterized by betRrchinistic tonal components

and stochastic broad-band contributions [1].

Structure borne noise: Reciprocating engines and jet engines are directly mounttget
vehicle structure. Particularly aircraft engines are ntedrio the wings or airframe using
rigid mounts for safety, reliability and durability reasohe levels of structural excitation
can be very large particularly when the moving componentthefengines, power train
and propulsion system rotate with unbalance. In partictilarvibration of a helicopter
gearbox and main rotor generates intense structural ércisaat low frequencies which
are transmitted to the helicopter cabin via rigid strutslangely contribute to the helicopter
interior noise levels. For propeller aircraft the front aad wings are also excited by the
wakes detached from the propeller blades. For surfacepoatagion vehicles a further
source of structure-borne sound originates from tyre-ayagheel-rail interaction which is
transmitted into the vehicle structure via the suspensystes. Theses types of sources
for interior noise are referred to as structure-borne nbé&mause the noise originates from
structurally transmitted excitation of the cabin struetuiThe characteristics of structure-
borne-noise depend on the specific generation mechanishasd may be dominated by
deterministic tonal components but may also have stochbstad-band contributions. In
general structure-borne noise is best controlled direxttiyre source or in the transmission
path in close proximity to the source. Note that most stmgchorne noise sources such
as engines, tyre-road and wheel-rail interactions are sdsoces of airborne noise where
the dominance of the air-borne and structure-borne cautioibb towards interior noise level

varies with frequency [1].

Other sources of interior noise: There are many other sources of interior noise in vehi-
cles. For example tonal aerodynamic noise generated byealsrthat stick out of the main
vehicle body and disturb the passing airflow e.g. sensotgnhaae, side mirrors. Noise
can also be generated from the operation of hydraulic oripadéia systems that are used to
position flaps, release landing gear and control brakingham@iems. Another contribution
to interior noise in vehicles is generated by the operatioairoconditioning systems that

provide fresh air supply to the passengers.



The interior noise sources for transportation vehicleswdised above can be categorized
into two groups: those that predominantly produce detegstiertonal disturbance and those
that produce stochastic broad-band disturbances. Asibedcdn the following section,
the source characteristics determine which control gjireseare appropriate for specific

applications.

1.2.2 Active control approaches

In this section a brief review of some existing active apphes for the global control of

interior noise levels is presented [4]. The aim is to briefljlioe recent progress and the
current state of research, development and practicalagtign of active control systems,
and also to point out the strength and weaknesses of exwtimgol technologies compared
with smart panels for the reduction of structural vibratsord sound transmission. Initially

the control strategies may be divided into active and sexti@approaches.

Semi-active approaches aim to improve the performancessiy@adevices by adapting the
physical properties of a passive control treatment to tleghs in the excitation charac-
teristics and in the dynamic response of the structure uocmlgrol. Tuned passive devices
such as arrays of vibration neutralisers, tunable vibnatibsorbers (TVA), or arrays of
Helmholtz resonators can be used to control vibration adited noise from aircraft fuse-
lages or car body sections. However these devices are ortiguarly suited for the control

of tonal disturbances unless a very large number of unitsised, which can be randomly
tuned to cover a wider frequency range [6, 7]. Semi-actiyer@gches allow the tuning

frequency of an ’active tunable vibration absorber’ (AT\M#A)be continuously matched to
the dominant tonal component of the primary disturbance.ekample, for the control of

aircraft interior noise, ATVAs have been tuned to minimizeost function that estimates
the sound level in an aircraft cabin. The absorbers arefthrereffectively tuned to rear-

range the fuselage vibration to minimise the sound radiatither than the overall vibration
level [10]. However, the principal function of the ATVAs ihis semi-active control strategy

remains passive rather than active.

The development of purely active control systems for therobof interior noise has gone
through a development cycle considering different corgt@tegies [4]. With respect to the

objectives in this thesis the control strategies can beisigded into two principal groups.



The first group of systems implements a centralised feeddia control strategy for the
direct control of the global sound field. This approach hanbmplemented as 'active noise
control’ (ANC) and 'active noise and vibration control’ (ANG) systems. ANC systems
are implemented using a set of loudspeakers that are driwvamrulti-channel feed-forward
controller to produce a secondary acoustic field that detsirly interferes with the acoustic
sound field in the cabin produced by the primary noise soyfcHs ANVC systems are
implemented using structural actuator transducers inradively to alter the vibration of

the fuselage skin in order to minimise the overall interioursd levels in the cabin [12].

ANC systems use exclusively acoustic error sensors (mhaogs), whereas for ANVC
systems both acoustic and structural sensors are emplbayédth cases the signals from
the error sensors are used to define a global cost functiothencentralised feed-forward
controller drives the actuators in order to minimise therall@nterior noise level in the
cabin [11]. Significant global reduction of the overall inte noise levels can be achieved
for low frequencies where the acoustic wavelength is longf@imilar length as the cabin
interior dimensions such that the acoustic field is dommhatea small number of discrete
acoustic modes. As frequency increases the acoustic weythleeduces and the acoustic
field inside the cabin is formed by an increasing number oflapping modes. Global
control at high frequencies therefore requires more coxymatrol systems with unfeasibly
high numbers of error sensors and actuators. For a feedxfdrstrategy it is also necessary
to obtain a causal and well-correlated reference signahéoptimary disturbance, such
as for example the rotational speed of a propeller rotortsHathe dominating primary
excitation is stochastic and broad-band, such as thoseaadoy jet noise and turbulent
boundary layers, it is rather difficult to obtain a correthteference signal since a large
array of sensors should be used and the time advance of treuredasignal would be very

short. Therefore it would be particularly challenging toltha causal controller [13].

This first group of control systems allows efficient contrbtiee sound field in a confined
acoustic space, such as the interior of an aircraft cabihe@passenger compartment of a
car, if the interior noise is dominated by a tonal deterntioidisturbance for which a well
correlated control signal is available. Drawbacks of theggeroaches are the rather com-
plex architecture of the centralised controller particuiden a large number of actuators
and sensors are employed. Also the amount of wiring requdoedata and power cables
for these centralised systems introduces considerabiéiadd weight and additional in-

stallation and maintenance costs.



As an alternative the second group of control systems imgteraontrol exclusively em-
ploying structural sensor and actuator pairs on the fusetkg or the trim panels. This
strategy alters and reduces the structural vibration anddsoadiation from the fuselage
panels and hence reduces the overall fuselage vibratiomaisé transmission into the

cabin interior. Both feed-forward and feedback stratege®been investigated [14].

In contrast to feed-forward strategies, no reference signaquired for feedback control
approaches. Therefore feedback control systems are batited to control stochastic pri-
mary excitations with broad-band excitation spectra. Dep® on the sensor and actuator
arrangements feedback control approaches can be classtbesingle input single output
(SISO) feedback control strategy via a single distributetdi@or-sensor pair and decen-
tralised multi-input multi-output (MIMO) feedback contnaa a large number of localised
actuator-sensor pairs. Also hybrid approaches with modiitributed MIMO feedback
strategies have been investigated where the signals ofup grolocal sensors is used to

create the input signals to a group of local actuators [1b, 16

With decentralised feedback architectures a rather lang#er of control units can be used
so that the frequency range over which the control systerffesteze can be extended to
higher frequencies. This is because the systems are mahdaran be integrated with the
panel so that no extensive wiring and no complex centrakobiet unit is required. Also the

modal density for the panel structures is increasing withughmower rate (it is constant

for thin homogeneous panels) than the modal density of a thimensional sound field

and thus for a given number of control units, larger contffédats would be produced than
with decentralised acoustic systems. The principal is$uecentralised feedback control
strategies is the stability of feedback loops with pra¢semsor-actuator pairs. In particular
undesired cross-coupling effects within larger arraysratpcal feedback control units may

lead to instabilities even for low control gains.

Centralised ANC feed-forward control systems have beeresséally implemented, mainly
with application to commercial aircraft. Control systematttirectly act on the fuselage
skin or inner trim panel promise solutions to a wide rangeratpcal problems. However,
this type of systems has not yet reached the stage of develdpior use in commercial
applications. In recent years much research effort has jpeetowards the investigation of
modular systems with local sensor-actuator pairs withribisted and decentralised feed-
back control strategies. As result a number of practicalaestrators in the form of smart

panels were produced. The next section focuses on a revisantd of the important steps



in the development of these smart panels.

1.2.3 ASAC and AVC for smart panels

In this section some important steps in the development aftspanels with 'active vibra-
tion control’ (AVC) and ’active structural acoustic contr@ASAC) systems are reviewed
in order to provide a comprehensive overview of the smareptathnology that leads to

the specific scope and objectives of this thesis.

About twenty years ago researchers started to investigatpdssibility of reducing the re-
sponse and sound radiation of thin structures using vidmatontrol systems where sensors
and actuators are embedded in the structure itself [17, 9B, At the beginning feed-
forward controllers were developed, which are set to mis@nthe total sound power radi-
ated by the structure. This early work led to the formulatdthe sound radiation problem
in terms of so called "radiation modes” [20], which, in cadt to structural modes, radi-
ate sound independently [17, 18, 19]. In this way it has bemsiple to identify vibration
control strategies that lead to the reduction of the soudthtian. As a result this control

approach was named 'active structural acoustic contrdbA8) [17].

In order to detect and excite radiation modes preciselyribliged transducers should be
used. This has led to the development of smart structuréstiait distributed piezoelectric

transducers whose electrodes could be shaped in such a atathély detect or act upon
the specific structural modes to be controlled [21]. In gahdrelow the acoustic criti-

cal frequency the first radiation mode is by far the most efficradiator [19]. Moreover,

for frequencies such that the acoustic wavelength is latger the dimensions of the thin
structure, the first radiation mode corresponds to the nkeinvetric displacement of the

structure [22]. As a result, a simple single channel cordystem could be implemented
with a distributed and matched piezoelectric sensor-&utyeir embedded in the structure
itself. The close location of the sensor and actuator tnacesd also allows the implementa-
tion of feedback control, which would enable the controlreiguency broad-band random
disturbances that affect interior noise in vehicles [18,28 23]. Practical demonstrators
have been developed but research in this type of contrasylsas come to a halt due to un-
resolved issues with control stability related to undesineplane coupling effects between

sensor and actuator piezoelectric sensors.

Recent research work has shown that decentralised MIMO &s&dhctive vibration con-



trol’ (AVC) may provide a simple and effective alternativgoapach for the control of broad-
band vibration and sound radiation by structures, paditylin the low frequency range
where the response of the panels is dominated by well-siggglarasonant modes. With
these systems multiple actuators and sensors are arramgéabely spaced pairs, ideally
collocated, so that simple local feedback control loops lmanmplemented around each
pair. If the sensors and actuators are chosen such thatrtherssnd actuator output signals
form power conjugated pairs, e.g. transverse velocity aamasterse force, then a single
feedback loop and also an array of such local control loogs,be shown to be uncondi-
tionally stable [24, 25]. This is true even for large changethe response of the structure

or the failure of individual control units.

Over the recent few years there has been some controvershevitiecentralised AVC ap-
proaches can perform as well as approaches implementitigaised or distributed control.
A comparative study has shown that decentralised AVC cbsysiems can perform as well
as centralised and distributed control strategies if tHeative is to achieve broad-band re-
ductions in structural vibration and sound radiation [26gntralised and distributed AVC
strategies were shown to be more efficient if the objectivi® isontrol a narrow band of
frequencies. Hence, for the control of structures excitgthtomad-band stochastic excita-
tion, both approaches are expected to show similar perfocmaln fact if the centralised
controller is set to minimise the overall vibration of a pbahe to a broad-band excitation,
the off-diagonal terms of the fully populated control matranish so that the control sig-
nals are dominated by the output of the collocated sensonamcke decentralised control is

implemented.

The decentralised AVC approach has the advantage of belatiyedy simple and modu-
lar. The simplest type of local control is velocity feedbadkh a collocated force actuator,
which is physically equivalent to adding a point damper @ $lgstem [19]. For structures
with a low modal density, where the response at any one frexyue dominated by a single
mode, adding "point dampers” can be very effective, botlerms of controlling structural
response and sound radiation. This strategy has recergly saeccessfully adopted in the
control of sound radiation and transmission by thin strieguln this case two-dimensional
arrays of decentralised velocity feedback control unitgenaeen used to generate active
damping in the structure [27, 28, 29, 30, 31, 32, 33, 34]. Alecentralised velocity feed-
back control has been used to control the sound transmifisiongh a double panel by

controlling the relative velocity between the source pamel the radiating panel [35, 36].



The principal open problem in AVC strategies is the desigstalble control units with dual
and collocated senor-actuator pairs which produce powgugated outputs, i.e. transverse
force and transverse velocity. In practice the sensing atwhtion transducers that could
be embedded in lightweight panels are characterised byligtabsues introduced by the

electrodynamic responses of the transducers [19, 37].

1.2.4 Sensors and actuator for decentralised AVC

This section provides a brief review of recent research varkvarious practical sensor
and actuator configurations for decentralised velocitglheek control on thin panels with

reference to stability issues.

Strain actuators and sensors: Flexural vibration on thin panels can be generated by
strain transducers that are rigidly bonded to the surfacemylly piezoelectric strain trans-
ducers are used which are composed of thin piezoelectrintmpolarised along the thick-
ness and with thin metal electrodes on the opposite facesn\WWHbaving voltage is applied
to the transducers, an electric field is generated acrospi¢izeelectric material and be-
cause of the piezoelectric effect the transducer defornisemplane of the lamina and also
in the transverse direction, although the latter is conmtpaaigt small [19, 38]. When these
piezoelectric actuators are bound to a thin panel, an inepsaress field is generated, which
causes the panel to bend, twist and stretch. Complex distitsuof the stress field can
be produced by shaping the electrodes or shading the pdliing @iezoelectric lamina ac-
cording to specific spatial functions [19, 38]. In reversiezpelectric patches can also be
used as sensors where the piezoelectric effect producdtageoutput proportional to the
transverse and in-plane vibration of the panel structurgrgé distributed sensor-actuator
pairs could be used to sense and control volumetric radiatiodes with a SISO feedback
ASAC strategy [39]. However, due to undesired in-plane diogpmf the distributed sensor
and actuator patches this type of sensor-actuator arrasrgegives poor control stability.
Therefore small piezoelectric patches that produce coatipaty low in-plane deformation
amplitude are used as actuators for decentralised MIMCbfsadAVC approaches. For ex-
ample, small square piezoelectric patches with seismielammmeter sensors in their cen-
tres that are distributed over the surface of a panel imphe®éC by producing localised
bending moments [19]. Triangular shaped transducers witelarometer sensors located

at their tip, that are arranged along the periphery of a parnklclamped edges, can also be
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employed to produce localised control excitation [31, 3&)ng and Elliott [40, 41] investi-
gated decentralised feedback AVC with square piezoeteatiiuator accelerometer-sensor

pairs specifically for the control of sound radiation frormegcomb sandwich structures.

Stability issues with localised piezoelectric-actuatmt accelerometer-sensor pairs occur at
relatively high frequency. This is due to two main reasonistly with increasing frequency
the piezoelectric patches couple more efficiently with teading waves of the panel and
secondly the lightly damped resonance of the seismic awretters which cause a 180
phase shift in the open loop response function [19]. Alsagit frequencies the non-duality
and non-perfect collocation of the sensor-actuator passits in further phase lag in the
feedback open loop response functions. An improvementeo€tmtrol performance could
be achieved by employing low-pass filters and appropriatepemsators. For sandwich
panels local coupling effects between the sensors andtacdualows for higher gain mar-
gins. However, relatively poor global performance is agkiebecause of localization of

reduction around the position of the sensor-actuator gair. [

Electrodynamic proof-mass actuators: One way to generate a 'sky-hook’ transverse
force excitation on structures is to use electrodynamicesobil actuators which react off a
resiliently suspended proof mass [19]. For example Patlies al. [42, 43, 44] developed a
compact lightweight proof-mass electrodynamic actuatar @oduced a prototype specif-
ically designed for feedback AVC purposes. The prototypesisas of an electrodynamic
linear motor with the voice coil assembly fixed to the basehefdctuator and the perma-
nent magnet, which forms part of the proof-mass, suspermded the base via three soft
circular springs. Goradez Oaz et al. [33, 34, 45] produced four identical control uaitsl
developed a five channel decentralised velocity feedbadk &ystem. Collocated feedback
loops are formed using seismic accelerometer sensors wreamounted in the footprint of

the actuators on the opposite side of the panel.

The main stability issue for feedback loops with proof-mekestrodynamic-actuator and
accelerometer-sensor pairs occurs around the actuatdarugntal resonance frequency
which causes an 18(hase shift in the open loop frequency response functioh [A8

important factor for the gain margin is the ratio betweenrgmonance frequencies of the
first volumetric bending mode of the panel and the fundanieesmnance of the actuator.
Supposing the fundamental actuator resonance is sufficaanrped, a high frequency ratio

(low actuator resonance frequency and high panel volumetade resonance) allows for
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a high gain margin. This has motivated the feasibility stpdgsented in this thesis, where
the stability and performance of this control approach istiasted for conventional thin

homogeneous and stiff lightweight sandwich panels.

In this section some recent research work on various ped@ensor and actuator config-
urations for decentralised velocity feedback control an granels has been reviewed with
particular emphasis on inherent limitations for contrakbslity. All practical sensor-actuator
arrangements reviewed are only conditionally stable ssecsors and actuators are not per-
fectly dual and collocated [24]. Out of the configurationgeered, the system employing
velocity feedback loops with proof-mass electrodynamitaiors seems to be the most

promising for the implementation of decentralised AVC dff Byhtweight panels.

1.2.5 Lightweight sandwich panels

It is well known that lightweight composite panels, andfdightweight sandwich panels
in particular, have undesirable sound transmission pti@3ef19] and that the design of
structures made from these panels must be carefully omthis obtain acceptable sound

transmission loss properties.

There are two main effects that cause problems with soundriression through structures
constructed with lightweight sandwich panels. Firstlg gartitions have a lower mass per
unit area. This results in a reduction of the transmissi@s ia the frequency range were

the sound transmission is mass-controlled [19].

Secondly the high stiffness-to-weight ratio of lightweighndwich structures generates rel-
atively long transverse wavelengths than those observemfwentional thin homogeneous
panels. As a result acoustic and convective coincideneetsfEhift down in frequency. For
example the acoustic critical frequency [19] for convemdilcthin aluminium panels (thick-
ness less than 2 mm) occurs at the upper end of the audio freguange and is not an
issue for most practical noise control applications. Fatifalghtweight sandwich panel,
the acoustic critical frequency shifts down into the midialfdequency range. Around the
acoustic critical frequency the panels radiate and transouind efficiently so that a parti-
tion constructed from sandwich panels may transmit moragouer a wide range of audio

frequencies even if it has the same mass per unit area as entmmal construction.

In summary, stiff lightweight sandwich structures are vappealing for the design and

construction of lightweight vehicles. However these pargve undesirable sound trans-
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mission properties that are difficult to address with passieasures without diminishing
the desired weight benefit. However the dynamic properfiégltweight sandwich panels
may enable the use of decentralised feedback AVC systemsl@n to control the interior

noise in future generations of lightweight vehicles.

1.3 Scope and Objectives

This thesis presents a theoretical and experimental study € with decentralised velocity

feedback loops for thin homogeneous and lightweight sacidpanels.

The general aim of this work is to provide an initial study ba feasibility of a lightweight
structure with velocity feedback control using small ligktght proof-mass electrodynamic

actuator units that can operate both at low and mid audia&eges.
The specific objectives of this thesis can be summarisedlas/fo

1. To investigate the intrinsic limitations of decentratisvelocity feedback control via
ideal sensor-actuator pairs for thin homogeneous and sehdvanels under dis-

tributed deterministic and stochastic excitation in thelghaudio frequency range.

2. The analysis of the stability requirements and perforgeant a single control unit

with reference to its open-loop and closed-loop base impezla

3. The investigation of the stability and performance ofacfical vibration control sys-
tem, comprising five proof-mass electrodynamic-actuatoeerometer-sensor pairs,

on a thin homogeneous aluminium panel and a honeycomb seimghanel.

The first objective is addressed with a simulation study aredealised velocity feedback

control via ideal sensor actuator pairs on

¢ a thin homogeneous panel and

e a sandwich panel with equal static stiffness but four tinoggel mass per unit area.
Both panels are subjected to

e deterministic acoustic plane wave (APW) excitation and

e stochastic excitations, i.e.

— Acoustic diffuse field (ADF)

— Turbulent boundary layer (TBL)
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For the second objective the open loop and closed loop bapense of one control unit
is investigated both theoretically and experimentallyrigknto account the sensor, actua-
tor and controller components. The aim is to characterisectimtrol unit in terms of the
impedance function it exerts on the structure where it ismedl Also, the intention is to
provide a physical interpretation of a) the control effebtst can be generated by the control

unit and b) the intrinsic stability limits of the feedbaclofm

For the third objective the study focuses on the practicplémentation of velocity feed-
back control via a set of five proof-mass electrodynamicatons with accelerometer sen-

sors at their footprints. The control system is installed on

e athin homogeneous aluminium panel and

¢ a honeycomb sandwich panel with equal weight but signiflgdnigher static stiff-

Ness.

The smart panels have been installed in a sound transmissitsn The control stability

of the system is analysed with respect to the open loop frexyueesponse functions of the
control loops and in terms of eigenvalues analysis of thérobsystems’ open loop transfer
function matrix. The control performance is assessed mgef reductions in panel kinetic

energy and radiated, i.e. transmitted, sound power.
The smart panels are subjected to

e a point force excitation via an electrodynamic shaker and

e an acoustic excitation produced by a loudspeaker.

The experimental measurements have been compared witlationuresults from a fully
coupled model of the panels with the five proof-mass ineatliators used in the experi-

mental study.

1.4 Structure and Organisation

This thesis is organised in six chapters.

Chapter 1 provides a brief introduction on motivation and technicatkground for active
vibration control for two-dimensional structures. Als@tbbjectives and structure of this

dissertation are outlined and the original contributiohthis research are highlighted.
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Chapter 2 introduces a general, element-based model, for the staleesponse and ra-
diated sound power of passive and active panels with fe&dbaatrol. The expressions
for discrete and distributed deterministic transversataton, and distributed stochastic

transverse excitation are reviewed. In addition

e Appendix A summarises the expressions used to derive thieahtequencies, natu-

ral modes and point and transfer mobilities of thin homogesasotropic panels.

e Appendix B gives the formulations for panel kinetic energy aadiated sound power

for deterministic and stochastic excitations which arevéerfrom first principles.

Chapter 3 presents the simulation studies on decentralised veléeggback control via
ideal sensor-actuator pairs for different types of distielol deterministic and stochastic ex-
citation. Section 3.1 introduces the basic model used ttucaphe dynamic characteristics
of a sandwich panel within the general model framework. Thregacteristic differences be-
tween the structural response of thin homogeneous and sanganels are discussed with
respect to the real wavenumber solutions of the governingteans. Resulting problems
for interior noise are discussed with respect to excitagiod radiation coincidence effects.
In this study both panels have equal static stiffness busamelwich panel has a four times
lower mass per unit area. The simulated response and rddiatend power of the two
panels with and without feedback control are presenteddoustic plane wave (APW) ex-
citation for different angles of incidence and for stoclaatoustic diffuse field (ADF) and

turbulent boundary layer (TBL) excitation.

Chapter 4 describes experimental and simulation studies on the apeclased loop base
impedance of a practical control unit consisting of proass electrodynamic-actuator
accelerometer-sensor pair and realistic integrator anglifien controller circuits. In ad-
dition

e Appendix C provides the derivation of the open and closeg lease impedance for

current and voltage driven control units.

Chapter 5 discusses the results of the transmission chamber expgahstudies on a thin
aluminium panel and a honeycomb sandwich panel with a closysbem consisting of five
decentralised control units with proof-mass electrodyigaastuator accelerometer-sensor
pairs. The experimental results for the two panels are astdd with respect to the control
stability and the measured responses and radiated souret pmvshaker and loudspeaker

excitation. The experimental results are also comparel thé corresponding simulation
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results for the model implementing the practical feedbawkml model described in Chap-

ter 4. In addition

e Appendix D provides background information on the experitakstudies on the

structural parameters of the anisotropic honeycomb testlpand

e Appendix E provides further background information on tremsmission chamber

experimental set-up.

Chapter 6 summarises the findings of this thesis and alsoniseseggestions for future

work.

1.5 Contributions

The original contributions of this thesis can be organiseithiee groups.

1. Modelling: The first group of contributions concerns the developmena general

two port model for the structural response, sound radiaimhsound transmission through
panels equipped with decentralised velocity feedbackrobonits. The model is based
on an elemental approach, which enables the formulatiorconaistent framework of the

following physical effects:

e Discrete and distributed deterministic transverse eticita(e.g. point forces and

acoustic plane waves)

e Distributed stochastic transverse excitation (e.g. rairthe roof, acoustic diffuse

field and Turbulent Boundary Layer)
e Passive and active effects of open/closed loop contros unit

The passive and active effects of the decentralised coutitd are modelled in terms of
their open and closed loop base impedances. This has enhbliesestigation and physical
interpretation of decentralised feedback control in teofitte impedance effect the control

units produce on the structure at the mounting location.

The model can be easily extended to capture other physfeatefuch as for example fluid

loading and flexible boundaries as reported in Reference [46]

2. Simulation studies on idealised control loopsThe second group of contributions con-

cerns the theoretical study of decentralised velocitylb@e#d control with idealised velocity
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sensor and force actuator pairs on a homogeneous alumirdogi and a lightweight sand-

wich panel with significantly different dynamic responses.

This study introduces a comprehensive analysis on how thieatg@erformance of decen-

tralised velocity feedback control depends on

¢ the frequency range where the response of the panels actdrased by well sepa-

rated resonance peaks of low order modes;

¢ the frequency range where the acoustic and convectiveatixitcoincidence effects

occur and
¢ the frequency range where sound radiation coincidencersccu

3. Simulation and experimental work on a practical control £t up: The third group of
contributions is focused on the implementation of modutartml units on a homogeneous
aluminium panel and a honeycomb sandwich panel. Each damiitas formed by a proof-

mass electrodynamic actuator with an accelerometer sahgsrfootprint.

At first the behaviour (control stability and performanceéaéeedback control unit has been
investigated both theoretically and experimentally wibpect to its base impedance, thus

independently from the coupled response with the structure

Secondly the performances of a set of five control units nmexdioh the two panels have
been investigated. The feasibility of velocity feedbackitcol over low and mid audio
frequency bands for stiff lightweight smart structures paned to more flexible standard

homogeneous panels has been verified.
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Chapter 2

Modelling sound transmission through
passive and active panels using the

elemental approach

This chapter introduces a general model for the struct@sthanse and radiated sound
power of passive and active panels with feedback contrgdpwhich is based on an ele-
mental approach. The expressions for point and distribdégelrministic transverse excita-
tion (e.g. point forces and acoustic plane wave), and Higied stochastic transverse excita-
tion (e.g. Turbulent Boundary Layer (TBL) aerodynamic pressctuations and Acoustic
Diffuse Field (ADF)) are reviewed. The numerical simulati@sults for the transmission
coefficient for acoustic plane wave excitation are validditg comparison with results from
approximate analytic solutions. Also experimental valmt@s have been obtained for point
force and acoustic excitation considering the test panstsidsed in Chapter 5. The aim of
this chapter is to introduce the models used to generatarthdagion results presented in

Chapters 3 and 5 of this thesis.

Elliott and Johnson [20, 22] predict the spatially averagesponse and the total sound
power radiation from a panel using the so called 'elemempt@ach’ [19]. In 2004 Gardo-
nio and Elliott [23] presented a theoretical study using #pproach to predict and compare
the sound transmission through different types of smareigamith active feedback control
systems. With the elemental approach the surface of thd gasigbdivided into a uniform
grid of elements. The time-averaged panel kinetic energytlamtime-averaged total sound

power radiated by the panel is derived in terms of the parletitg at the element centre
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positions. Thus the spatial integrals in the expressionshf® kinetic energy and sound

power radiation are replaced by sums over the grid of elesnent

Following the work presented in References [20, 22, 23], thigpter first describes the
element-based modelling approach for the structural titovaand sound radiation by pas-
sive thin rectangular panels with a given set of point foragtations. Then the formulation
is expanded in such a way as to consider distributed detesticiexcitation, i.e. Acoustic
Plane Wave excitation (APW) and distributed stochastictation, i.e. Acoustic Diffuse

Field (ADF) and Turbulent Boundary Layer excitation (TBL).

The effect of multichannel feedback control with point attr and sensor transducers is
also integrated in the elemental model. The elemental adbieck control models are cast
into a matrix formulation that can be graphically represdnh terms of a two-port block

diagram with a multi-channel feedback loop.

This chapter presents the principal steps and equatiodgeahbdel. A detailed summary

of the expressions used in the formulation are given in Adpss A and B. In particular:

e Appendix A summarises the expressions used to derive theatheal frequencies,

natural modes and point and transfer mobilities of thin hgem@ous isotropic panels.

e Appendix B gives the formulations for panel kinetic energy aadiated sound power

for deterministic and stochastic excitations which arevéerfrom first principles.

In this study the point and transfer mobility functions beém the locations on the panel
are derived from finite modal expansion formulations whigh@ven in Appendix A. The

particular model problem studied in this thesis is shown igufe 2.1 and resembles a
rectangular panel mounted in an infinite baffle. The geometiy physical properties for
the homogeneous aluminium panel considered for the simalatudies in this chapter and

Chapter 3 are given in Table 2.1 and represents a typical paaalaircraft fuselage.
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Figure 2.1: Model problem: rectangular panel in an infin&éflle, where the panel is subdivided in a uniform
grid of elements.

Table 2.1: Geometry and physical parameters of the alumimianel used in the simulation studies.

Parameter Symbol Value Unit
x-dimension l, 278 mm
y-dimension L, 247 mm
Thickness h 1.6 mm
Mass density p 2720 kg n3
Young's modulus E 70 GPa
Poisson’s ratio v 0.33 -
Modal loss factor n 0.02 -

2.1 Panel response to point and distributed excitations

In this section the formulations for the passive response pdnel excited by point forces
and distributed deterministic disturbances are introduost first the formulation for the

response of a single panel element is considered, whiclemsdhst into a matrix expression
for the determination of the overall panel response and doadiation considering the

contributions from all panel elements.
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2.1.1 Deterministic excitation

Point force excitation

As shown in Figure 2.2, in this subsection the response atehtes of the panel elements

due to a set of point forces is determined.

Point force excitations Elemental velocities
I~
_— [~
~ .\
» ~
[~
~—
[~
~o a ~—
~a
~—
Y Y
Source side — Receiver side
X <‘X
VA Z

Figure 2.2: Panel model with point force excitation.

The steady-state response of the panel elements is expr@ss@ming time-harmonic ex-
citation of the formRe{exp (jwt)} wherew is the angular frequency and= /—1. For
brevity the time-harmonic termexp (jwt) will be omitted in the formulation which will be
given in complex form. Therefore, the time-harmonic vepcii(t) = Re{w(w) exp (jwt)}
and force F(t) = Re{F(w)exp (jwt)} will be replaced by the frequency-dependent com-
plex velocity and force phasois(w) and F'(w). Throughout the thesis will be used to

identify complex, frequency-dependent functions.

Assuming the system is linear, the velocity at the centréeéith element due tav,, point

forces can be determined from the following summation.

UT’e%(“’) = foe,p(w) ~p(W)u (2.1)
Whereffep are the transfer mobilities between the primary excitatiwoes at the excitation
positionp and the velocity at the centre of the elementAs shown schematically by the

block diagram in Figure 2.3, the set 8f elemental velocities due @y, point forces can
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be determined with the following matrix expression,

We(w) = Yo (w)Fp(w), (2.2)
~ N\ ~ od
W
p 7 ep [ €

Figure 2.3: Block diagram for passive response of a panseia@iés to a discrete primary excitation.

wherew, is a[N, x 1] vector containing the elemental velocities

y zfjel(w) 3\
Wol(w) = wei(“) (2.3)

\ weNe (w> )

andF,(w) is the[N, x 1] vector of discrete primary excitation forces,

F,(w) = _ . (2.4)

The[N. x N,] mobility matrix Y., (w) contains the transfer mobilities between the centres
of the panel elements and the primary excitation locatidhe. formulation presented above
is general and not restricted to thin rectangular platesisThcan be used for other struc-
tures such as curved shells provided expressions for thetstal point and transfer mobil-
ities are available, i.e. expressions for the natural feegy and modes of the structure. In
this study the response of the panel is described using thte fheory. The expressions
given in Appendix A for the natural frequencies and naturaties of thin rectangular plates

are taken from references [47, 48].

The total number of elements, is given by the product of the number of elements along
the = and y-axis N, x N,,. The number of elements along each axis depends on the
shortest bending wavelength of the panel at the highestiémxy of interest. At least two

elements per wavelength are needed to describe the panennuoiquely, i.e. to avoid
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spatial aliasing. For adequate spatial sampling, at vexst ldree elements per wavelength
are used in this study. A convergence study on the elemeoluteEs with respect to the

estimated panel total kinetic energy is presented in Refergt6].

Distributed deterministic excitation

As shown in Figure 2.4 a distributed disturbance is repiteskny equivalent discrete forces

acting on the element centres.
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Figure 2.4: Panel model discretised distributed excitatio

/.

Thus the set ofV, elemental velocities can be derived with the matrix expoess Equa-
tion (2.2), where the terrnﬁp and\?ep(w) are replaced by thgV, x 1] vector of element
excitation forcei‘e(w) and the[ N, x N.] matrix of element point and transfer mobilities
Y..(w) so that

We(w) = Yeo(w)Fe(w). (2.5)

As an example of a deterministic disturbance, an Acousan®Wave (APW) excitation
is considered. The wave is defined by its sound pressure tmggpland by the angles of
incidence) (taken from the normal to the panel surface) and the apgégven in the ¢, y)-

plane, measured from theaxis) as shown in Figure 2.5.
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Figure 2.5: Angle of incidence for acoustic plane wave.

Assuming time-harmonic pressure fluctuations, the indideand pressurg(z, y, t) acting

on the source side of the panel is given as

p(x,y,t) = Re{p(w)e! W Fem=hun)} (2.6)

wherep(w) is the pressure amplitude of the incident wave. The wavereusib ther and

y directions k, andk,, are given by

kz(w) = ko(w) sin 6 cos @, (2.7)

ky(w) = ko(w) sinfsin ¢, (2.8)

whereky(w) = w/co is the wavenumber of sound in the surrounding fluid. The fluappr-
ties of air used throughout the simulation studies are givdiable 2.2 below. The pressure
amplitudep(w) is set to unity. The angle of incidengeis set to 48 while different values

for the angle) are considered.

Table 2.2: Acoustical parameters of air

Parameter Symbol Value Unit
Speed of sound Co 343 m/s

Density 00 1.21 kg/mi
Specific impedance Zoy = copo 415 Ns/ni

In order to predict the response due to a plane wave exgaitatie panel needs to be sub-

divided into an appropriate number of equally spaced aneblsetements. The minimum
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element resolution is determined by the shortest waveteatghe maximum frequency con-
sidered in the simulation. Below the acoustic critical frexey [19] the acoustic wavelength
is longer than the bending wavelength on the panel, thus thiemum element resolution is
determined by the bending wavelength on the panel. Abovadbastic critical frequency
the acoustic wavelength is shorter than the bending wagghemm the panel; thus the min-
imum element resolution is given by the acoustic wavelemagtthe maximum frequency

considered in the simulation.

In order to characterise the pressure field produced by amsticgplane wave at any angle
of incidence and to sample the excitation of the bendingsiral modes of a panel, ideally
at least four elements per shortest acoustic or structuagelength should be used [46].
Increasing the element resolution yields more accuratdtsegiowever a simulation study
on the effect of resolution has shown that an increase ofléreent resolution above four
elements per shortest wavelength only marginally afféwetgésults at the upper end of the

observed frequency range but produces a considerablase the computation time.

The elements of the vectdt, (w) for APW excitation are given by

F. (w) = 24 p(w)e I Famithyys) (2.9)

where A, is the area of a single element and the factor 2 accounts éoageumption of
blocked pressure on the panel surface [19]. The resultipg< 1] vector of complex forces

is then used as the excitation term in Equation (2.5).

Panel kinetic energy

The response of the panel is assessed in terms of its tottidkienergy, which gives an
indicator for the spatially averaged vibration and alsohsf hear field sound radiation.
For harmonic excitations, the time-averaged kinetic enefa thin rectangular panel with

uniform mass per unit area is given by [19]

Ew) = —//‘Jj(m,y,w)‘z dz dy, (2.10)

where the additional factor 1/2 arises from the conversiomfpeak to RMS values. In the

elemental approach the surface integral in Equation (2sl@9placed by a sum over the
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element velocities [19]. Utilizing matrix algebra this semation can be calculated from the
inner Hermitian product of the element velocity vectorsisihelds the total kinetic energy
as [see Appendix B, Equations (B.21) to (B.32)]

E(w) = W, (w)We(w), (2.11)

where? denotes the Hermitian transpose ab is the mass of an individual element.
Substituting Equation (2.5) into Equation (2.11) givesttital kinetic energy with reference

in terms of the vector of elemental forces

B(w) = 5 B () (VW) Yeelw) ) Folw). (2.12)

Figure 2.6 shows the spectrum of the kinetic energy of a sirmgbported aluminium panel
normalised to the pressure amplitude of a plane acoustie wevdent at an angleé=45
and =45 in the frequency range between 50 Hz and 20 kHz. The panelngiioes and

material properties are summarised in Table 2.1.

At frequencies below 1500 Hz, the response of the panel imctexised by well-separated
resonances which are controlled by low-order resonant sig&leove 1500 Hz the response
is increasingly controlled by overlapping clusters of moded rolls off following a mass
law. Between 10 and 20 kHz there is a wide-band peak due to thestc coincidence

effect. In fact the acoustic coincidence for #e45° plane wave occurs around 15 kHz.

Radiated sound power

The sound radiated by the panel is expressed in terms of takstmund power radiated
which gives an indication of the far field, spatially-avezdgsound radiation. The time-

averaged total sound power radiated on one side of the pageien by [19]

lz ly

P(w) = //Re {J}*(x,y,w)ﬁ(x,y,w)} dx dy, (2.13)

N | —

where * denotes the complex conjugate and the factor 1/2 arisestfrermonversion from
peak to RMS values. Considering radiation into free spacegriadeally planar panel, the

Rayleigh integral [19] is used to rewrite the acoustic pressum the surface in terms of the
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surface velocities and radiation impedance. Utilisingrmatigebra Equation (2.13) can be

cast in the form [see Appendix B, Equations (B.33) to (B.41)]

T H

P(w) = W, () Ryaa(w)We(w), (2.14)

Substituting Equation (2.5) into Equation (2.14) gives to&@l sound power radiated in

terms of the vector of the elemental forces

P(w) = FH (W)Y (w0)Ryad(w) Yee (W) Fe (w), (2.15)

whereR,..4(w) in Equations (2.14) and (2.15) is th&. x N.] radiation matrix with the
elements [see Appendix B, Equations (B.43) to (B.46)]

R _ pr()Az sin (koR@j)
raci,; 47TCU k’o Ri,j ‘

(2.16)

In this equationk, is the acoustic wavenumber on the receiving side of the panel

Rij=+/(zi —zj)>+ (yi —y;)? Is the distance between the centres of the elemeatsl
J. The distanceR; ; is zero, thus the radiation ternig..,,, on the main diagonal of the
radiation matrix are undefined. However, using WBpital’s rule [49] it is found that

sin (ko R) ko cos (ko R)

e Rl L S (2.17)

Figure 2.6 also shows the spectrum of the total sound powletesl by the panel considered
above in the frequency range between 50 Hz and 20 kHz for pleoestic wave excitation
incident at an anglé=45" and anglep=45°, normalized to an acoustic pressure amplitude
of 1 Pascal. At low frequencies the spectrum of the radiabeth@ power is dominated by
the response of the principal panel mode. The resonance pékdw order modes with low
radiation efficiency (even, symmetric panel modes) arelsoaipared with those of modes
with higher radiation efficiency (odd, asymmetric panel e®)d As found for the vibration
response of the panel, above 1500 Hz the total sound powkrtedds characterised by
overlapping clusters of modes and rolls off following a misg However, in this case,
the sound power starts to rise again from about 5 kHz sincedhad radiation becomes
increasingly effective above the acoustic critical freqryg which for this panel is at about
7.5 kHz. Moreover, between 10 kHz and 20 kHz there is a widgueacy band peak due

to the coincidence effect of the acoustic wave incideft=d’.
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Figure 2.6: Panel kinetic energydid) and radiated sound powefdint) normalized to the pressure am-
plitude of a plane wave incident at an angle45® and anglep=45° for the panel with pinned boundary
conditions specified in Table 2.1.

Sound transmission

The sound transmission coefficients definer [19] as the ratio between the radiated sound
power in the far field of the radiating side of the pat&l; and the sound power of the

incident plane wave on the source side of the padel

T(w) =— : (2.18)

Note that the definition of the transmission coefficierdonsiders only the component of
the power in an infinitely extended incident plane wa&yg incident on the panel area and
not the total power on the source side of the panel, whichtisroened by the interaction

of the incident, reflected and back-radiated acoustic wavesthe area of the panel. The

power in the incident acoustic plane wave is given by [50, 23]

A, cos(0)

Py (w :]520)
(@) = ) e

(2.19)

As for most acoustical quantities it is convenient to exptlg transmission coefficientin

logarithmic terms to give the sound transmission index itilukds
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T(w) = 10log;, (T(w)). (2.20)

The sound transmission loss or sound reduction index inbdéexis calculated from the

reciprocal of the transmission coefficient and is expresseillows:

TL(w) = 10logy, (%) (2.21)

Approximate solutions for the sound transmission coefiiicaége widely discussed in the lit-
erature. In Reference [5] Fahy discusses an approximateufation that allows the trans-
mission coefficient to be evaluated for infinite thin panale do plane wave excitations

depending on the out-of-plane incidence artgle

T(0) = ()_sec’(0) (2.22)

o o (8) o] + [1- (8) swio)]

wheref;, is the bending wavenumber;” is the mass per unit area of the panel anid

the damping loss factor. Fahy [51] also gives an approxonafor the sound transmis-
sion coefficient through a thin unbounded panel mounted @pascously damped elastic
suspension. This is a first order approximation for the fumelatal mode of a large finite
panel. The formulation is derived for an acoustic plane wex@tation normal to the sur-
face ¢ = 0). For non-identical media on both sides of the panel, thestrassion coefficient

To IS given as

(2.23)

T0 =

wm!'—= 2 wi,1m’’'n 27
T e )

wheren is the ratio between the specific impedance of the fluid ondbece sideZ; and the
specific impedance of the fluid on the receiving side of theepai, so that

n = Z1/Zy = p1c1/ pace @nds is the stiffness per unit area at the fundamental panel bgndi
mode given bys = m”wil. In the case that the fluid on both sides of the panel is air, the
sound transmission coefficient well above the first natueddency of the panel, ; can

be approximated as [51]

To = (QZ()) . (2.24)

wm//
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This indicates that the transmission coefficient is drogiay 6 dB per frequency doubling

i.e. 20 dB per decade and is known as the 'mass law’.

Figures 2.7 and 2.8 show the sound transmission index peedising the elemental ap-
proach and the approximate solutions from Equations (2a8d)(2.23). The results for an
acoustic plane wave incident at an angg®® (normal to the panel) in Figure 2.7 show that
at low frequencies, up to 800 Hz, the modal response of thelgamtrols the transmission
coefficient and the agreement is poor between the elemegmpabach and the analytical
approximations. Above 800 Hz the results from the elemegptoach and both the results
for 7(0 = 0) from Equation (2.22) and, from Equation (2.23) are in good agreement up
to about 5000 Hz. Above 5000 Hz the transmission index ptedirom the elemental
approach is higher due to acoustic radiation coincideneetsfwhich are not captured in

the analytical solutions. These coincidence effects atbdudiscussed in Chapter 3.

Figure 2.8 shows the results for an acoustic plane wave entidt an anglé=45" and
=45, At low frequencies, up to 1000 Hz, the modal response ctnthe transmission
coefficient. Again poor agreement is found between the ai¢ghapproach and the analyti-
cal approximations. Above 1000 Hz the results from the eteal@pproach and the results
for 7(0 = 45°) from Equation (2.22) converge asymptotically up to abot®Bz. Above
5000 Hz the transmission loss predicted from the elemepfaioach exhibits radiation co-
incidence effects and excitation coincidence effects. rBaation coincidence effects are
not captured in the analytical solutions from Equation 22.However the formulation in
Equation (2.22) captures the excitation coincidence etfae the projection of the incident
plane wave, which occurs around 15 kHz. In this coincidemeguency region both the
analytical and the numerical results from the elementat@gh are in good agreement,
which validates the numerical results. Excitation and atiowadiation coincidence effects

are further discussed in Chapter 3.

It is interesting to note that, at the fundamental natueqdiency of the panel, the elemental
approach predicts transmission coefficients higher tham Zehis effect is investigated in
Reference [52]. In effect the resonant panel is excited byoand field that is large than
its own surface. Due to the existence of a panel resonantelovitimpedance, energy is
attracted by diffraction from the incident sound field wedlybbnd the immediate surface of
the panel. Further discussion on the modelling of the strattresponse and the radiated
and transmitted sound power through fluid loaded panel vatildle boundaries is provided

in Reference [46].

30



10

Transmission coefficient T [dB]

-60 1 1 1
10 10° 10"
Frequency [Hz]

Figure 2.7: Transmission coefficient for an acoustic plam@enexcitation incident at an anghe0° and
=45 for the panel with pinned boundary conditions specified ibl&2.1. Elemental approachofid),
approximate analytical resut{6 = 0°) (dotted) andry (dashed).
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Figure 2.8: Transmission coefficient for an acoustic plam@enexcitation incident at an angle45® and

=45 for the panel with pinned boundary conditions specified ibl&2.1. Elemental approachofid),
approximate analytical resut{® = 45°) (dotted) andry (dashed).
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2.1.2 Stochastic excitation

For many practical vibro-acoustic problems, the excitatsonot deterministic. For instance
acoustic diffuse sound fields (ADF) or turbulent boundageta TBL) pressure fields, pro-
duced by the interaction of a turbulent flow of fluid and a dinue, are often encountered
in vehicles such as aircraft, high speed trains and carslyAce formulations for the sta-
tistical properties of the excitation fields produced by A&#d TBL are available. These
formulations describe disturbances in terms of power sgld¢nsity and spatial correlation
functions. The response and sound radiation induced by rsuctom excitation fields are
also expressed in terms of power spectral densities. licpkat the response is expressed in
terms of the power spectral density for the total kineticrgmewhich for a panel structure,

is given by [see Appendix B, Equations (B.47) to (B.49)]

h z ’y B

e // lim F { (,y,w)w(x,y,w)| dz dy, (2.25)
T—o0

wherew is the finite Fourier transfor afi(¢). Considering the matrix formulation for the el-

emental approach, Equation (2.25) can be reformulated/eo[gee Appendix B, Equations

(B.49) to (B.62)]

M o 3
Sp(w) = 76 trace (Yi St.1(w) Yee> . (2.26)

whereS;, ;, is the[N, x N,] matrix of cross-spectral densities between the forcesigcti
on the centres of panel elements. The matrix of cross-gled#nsities of the elemental

excitation due to a disturbance which is stochastic ovee timd space has the form

Sp.p.(w) = A2W(w) Cee(w), (2.27)

whereA, is the area of an elementw) is the time-averaged power spectrum of the distur-
bance per unitarea and,. is the[ V. x N.| spatial cross-correlation matrix of the excitation
disturbance calculated at the element centre locations.sbbnd radiation is expressed in
terms of the power spectral density of the sound power radlimito an infinite half-space

on the receiving side of the panel, which is given by
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// lim E{ (z,y,w)p(z,y,0,w) | dedy p . (2.28)
T—o00
Considering the elemental formulation, Equation (2.28) lsarreformulated to give [see

Appendix B, Equations (B.63) to (B.71)]

Sp(w) = 2trace [(Yi Sfefe Yee) Rmd} , (2.29)

whereR,.,4 is the element radiation matrix with the elements definedgudtion (2.16).

2.1.3 Acoustic diffuse field

The acoustic diffuse field (ADF) is a widely used model to digscthe excitation from
a reverberant sound field which is produced by random a@pkihe waves incident to
a surface for all angles. The cross-spectral density forcanstic diffuse field excitation
has been discussed by Shorter and Langley [53]. The powetrapéensity of an acoustic

diffuse field is given by

Vapr(w) = 4B [p57] = 4(7) (2.30)

where(p?) denotes the farfield mean square pressure. The factor ofdsdrom the pres-
sure doubling at a rigid surface (and from the relationslefmeen the pressure magnitude
and mean square value). The spatial correlation functioariacoustic diffuse field on the

surface of a rigid infinite plane is given by [53]

sin (k’o Ri,j)

2.31
o (2.31)

CADFi,j (w) =

wherek; is the acoustic wavenumber on the source side of the pandtagnd the distance
between the centres of the elemeintsnd ;. It is interesting to note that the correlation
function for an ADF disturbance has the same spatial cheniatits as the radiation matrix
defined in Equation (2.16).
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2.1.4 Turbulent boundary layer

Turbulent boundary layer (TBL) disturbance models are widmsled to describe the exci-
tation produced on a surface by a turbulent fluid flow. Modeidlie spatial correlation of
TBL disturbances have been discussed in References [54] &hdIse most common ex-
pression for TBL cross spectral density is given by Corcos.[BBE parameters that define
the model of the spatial correlation of a fully developed TBithe panels considered in
this study, are given in Table 2.3, where the flow speed isantsrepresent typical aircraft
cruising speeds. The flow direction is assumed paralleldg-#xis. The spatial correlation

function in thez-direction (span-wise) angtdirection (stream-wise) is given by

~ o |RIi,j |Ryi,]’ _ijyi,j
CTBLi,]‘ (W) = exp <_L$(W) exXp _Ly(u}) exXp T ) (232)

where|R,, ;| = |r; — ;| and|R

vl = lyi — y;| are the distances between the centres of

element and; in thez- andy-directions and_, and L, are the correlation lengths inand

Y, given by

Ll. (w> — aZ‘ZCOTLU’ (2,33)
(0% UCO’I’L’U
Lyfw) = =, (2.34)

wherec, ando, are empirical constants taken from [54, 55] did,, is the convection
velocity. The convection velocity is a function of frequgré6, 57], but can be approx-
imated as a fixed fraction of the free flow velocity. Since typothesis is equivalent to
assuming that the cross-correlation function is indepenoliethe boundary layer thickness,
it overestimates the correlation length at very low freqayenComprehensive reviews on
TBL excitation models and research on the wavenumber-frexyuspectrum are given by
Bull [8], by Cousin [57] and more resent by Hwang et al. [9]. Imggal, the power spec-
tral density of the surface pressure fluctuations due tolautent boundary layer decreases
with increasing frequency. The results presented in thesithdo not reflect this depen-
dency but only compare the panel response to differentrihistices with respect to their

frequency-dependent spatial correlation.
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Table 2.3: Parameters for the turbulent boundary layeudiance.

Parameter Symbol Value Unit
Free-stream velocity Uy 225 m/s
Convection velocity Ueconw 0.6 xUy m/s
Empirical constant Qg 1.2 -
Empirical constant y, 8 -

! taken from Ref. [54]
2.1.5 Element resolution

The required element grid density depends on (a) the destiedd characteristics, (b) the
flexural response of the panel and (c) the radiation prageedi the panels, which are given
by the radiation matrix. For frequencies below the conveaind acoustic coincidence fre-
guencies the bending wavelength is shorter than the acauatielength; thus the required
mesh density is determined by the bending wavelength- ¢,(f)/f on the panels. For
frequencies above the acoustic coincidence frequencytlitei acoustic wavelength that is
shorter than the bending wavelength on the panel; theré¢ferelement density is deter-
mined by the acoustic wavelengih = ¢,/ f. For TBL disturbance, the element density in
the stream-wise direction for frequencies above the cdiweecoincidence is determined
by the convective wavelength,,,., = U,/ f- In the span-wise-direction the correlation
function in Equation (2.32) is exponentially decaying,gtaulow resolution of the element
grid in z-direction results in an overestimation of the structueajponse but does not change
its general characteristics. In general at least two elésrgar shortest wavelength are re-
quired to avoid spatial aliasing. Numerical convergenaeiss showed that four elements
per shortest wavelength, at the highest frequency of isteemsures convergence at high

frequencies and accurate predictions for the entire obddrequency range [46].

2.2 Decentralised velocity feedback control

This section introduces the formulations for decentralizeilti-input multi-output (MIMO)
feedback loops with idealized feedback forces and poimioigl sensors as shown in Figure
2.9. The formulations are cast in the framework of elemertimexpressions introduced in
previous sections. The formulations are developed consgla distributed excitation. The
feedback loops discussed are unconditionally stable fep#y collocated feedback force

and velocity sensor pairs are considered [24].
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Figure 2.9: Schematic of panel model. (a) Panel with 16 discdecentralised velocity feedback loops and
(b) “two port” block diagram of the panel model with decetisad MIMO feedback control.

As shown in Figure 2.9(a), the decentralised feedback absyistem is formed by a4
grid of velocity feedback loops using collocated point et sensors and point force ac-
tuators. The closed loop response of the panel can be mddeile the two ports block
diagram in Figure 2.9 (b). Assuming the system is linearitidgcates that the response at
both the element centres and the control positions resuit the linear superposition of the
vibration induced by the primary excitation, produced by pinessure field over the surface
on the source side of the panel, and the secondary exciatimtuced by the control point
forces, which depend on the control velocities via the fee#bcontrol gains. Thus the

velocity response at the centres of the panel elementses ¢y

We - YeeFe + Yec]:?ca (235)

whereF . is the[N, x 1] vector of feedback control forces

F.(w) = . : (2.36)

L FCNC((‘U> J

andY., is the[N. x .| matrix of transfer mobilities between the control locai@n the
centres of the panel elements. As for fiie. matrix, the mobility functions in théy,,
matrix are derived using the finite modal summation formuleery in Appendix A. As

shown in the block diagram in Figure 2.9(b), for direct vetipéeedback control, the vector
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of control forces is given by

F. = —H.w,, (2.37)

whereH, is the[N. x N.] diagonal matrix of control gains and, is the[V. x 1] vector of

velocity sensor outputs at the control locations

( )

'117)81 (w)
N Wea (W)

Wo(w) = . . (2.38)

wCNc ((.U) )

\

According to the “two port” block diagram in Figure 2.9(bhet vector of control point

velocities is given by

w. =Y. F.+ Ycc]?ca (239)

whereY,, is the [N. x N.] matrix of point and transfer mobilities between the control
locations andY . is the[N. x N.| matrix of transfer mobilities between the centres of the
panel elements and the control locations. Substitutingaigu (2.37) into Equation (2.39)

gives

w. =Y. F.—-Y. Hw, (2.40)

An explicit formulation forw, can hence be derived as

~ ~ ~ —1
v‘Vc = <Ic + chHc) YceFe7 (241)

wherel. is a[N. x N | unit matrix. The control forc&. in Equation (2.37) can subsequently

be found as

~ ~ - ~ -1
F.= M, (IC + YH) Y..F.. (2.42)
Substituting Equation (2.42) into Equation (2.35) and n@aging forw. finally gives the
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vector of element velocities as

W= [V Y (14 YR Y| B = GUF (243)
whereG,, = Y..—Y..H.(I.+Y.H.) 'Y, is the panel element mobility matrix with active
control. Thus, when an active panel is considered, the spador power spectral density)
of the total kinetic energy and total sound power radiatedlEaderived respectively from
Equations (2.12) or (2.26) and Equations (2.15) or (2.29%ibyply replacing the matrix
Y., with G...

2.3 Summary

In this chapter an element-based approach for the modeifisgguctural response and radi-
ated sound power for passive panels and active panels witinttalised feedback control

has beenintroduced. The expressions for transverse pooet&nd distributed deterministic

excitations, and transverse distributed stochastic &xaits have been reviewed to provide
background information for the models used to generateithelation results presented in

Chapters 3 and 5.

Preliminary simulation results have shown that the trassion coefficient of a baffled pas-
sive panel derived with the elemental approach is in goodeagent with the corresponding

analytical solutions in the frequency range for which thalgiical results are valid.

The next chapter discusses the structural response and sdiation of baffled panels due
to APW excitations at different angles and stochastic AD& &BL excitations in further
detail and also contrasts the response and radiated sowet far a thin homogeneous

aluminium panel with those of a lightweight sandwich panel.
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Chapter 3

Comparison between thin homogeneous
and lightweight sandwich passive and

active panels

This chapter presents the results of a simulation studyidernisg a thin homogeneous
active panel and a lightweight sandwich active panel fdied#int types of distributed de-
terministic and stochastic excitations. The objectivethed simulation work are twofold.
Firstly, to investigate and contrast the structural respoand the sound radiation in the
audio frequency range produced by homogeneous and ligittiveandwich panels subject
to deterministic and stochastic distributed excitatioBecondly, to study and compare the
control effects produced by an array of idealized veloaydback control loops on homo-

geneous and lightweight sandwich panels.

The elemental approach introduced in Chapter 2 is used tacptée structural response
and sound radiation of the two smart panels excited by (a)@ustic Plane Wave (APW)
at different angles of incidence, (b) a stochastic Acousiituse Field (ADF) and (c) a
Turbulent Boundary Layer (TBL). The first panel is made of ahionin while the second is
a composite sandwich panel with equivalent static stiriag four times lower mass per
unit area. As shown in Figure 2.9, the panels are equippédd siiteen decentralised ve-
locity feedback control loops using idealized point forcéuators and collocated idealized
velocity sensors [27, 23]. In this way the intrinsic limitsdecentralised feedback control

are investigated independently from the electrodynanspaase of the control units.
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e Section 3.1 specifies the models used to capture the dyndraraateristics of the

thin homogeneous and the lightweight sandwich panels.

e Section 3.2 discusses the characteristic differencesdagithe structural response of
these two panels are with respect to (a) the real wavenurohgdians of the govern-
ing equations, (b) modal density, (c) modal overlap factat @) both excitation and

radiation coincidence effects.

e Section 3.3 presents the results from simulation studigb®@panels without control
in order to contrast the structural response and souncteaidiy the two panels under

the different distributed excitations.

e Section 3.4 then presents the results from simulationsestugh the two panels with
16 ideal velocity feedback loops. The control performareelie two smart panels is
discussed with respect to modal density, structural poatiitity function and control

position and also with respect to excitation and radiatimuatic coincidence effects.

3.1 Panel models

This section introduces the dynamic models considered Hermodelling of the thin
homogeneous and the lightweight sandwich panel considerdds simulation study. The
sandwich panel is designed to have a four times lower massipearea than the thin
homogeneous panel which is modelled using the materialeptieg of aluminium. The

panel parameters of both panels are chosen to yield an éepiiwatic panel stiffness.

3.1.1 Thin homogeneous panel

The rectangular aluminium panel has been modelled as a tmmgeneous and isotropic
panel with all sides simply supported. The mass-normalisede shapes [47] are given by

[see Appendix 2, Section A.2]

o (x,y) = 2sin (mr 7rx> sin (nr Wy), (3.1)
z L,

xT

where andn, andn, are the mode orders of moden the z- andy-direction of the panel.

The natural frequencies are given by
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D m, T 2 n n, T 2 (3.2)
Wy =1\ — ) .
m/ ly Ly
wherem” = ph is the panel mass per unit area abd= Eh3/12(1 — ?) is the bending.
Also F is the Young’'s modulus of elasticity andis the Poisson’s ratio of the panel mate-

rial. The panel geometry and material properties of the alium panel considered in the

theoretical simulation studies are given in Table 2.1 of Gé@p.

3.1.2 Sandwich panel

The dynamic response of the sandwich panel is modelled wsibgsic theory [19, 58]
which considers pure bending of the cross-section and ttepfates and pure transverse
shear of the core. The panel is assumed to have the sameahpteperties in the:- and
y-directions. The relationship between the transverse mawberk and the wavenumbers

corresponding to pure bending and to pure shear of a sanghaiodl is given by

@@ e

wherek, is the shear wavenumber in the absence of transverse befwdo®s, £, is the
overall cross-section bending wavenumber in the absenskeafr distortion and,; is the

bending wavenumber for faceplate bending alone. Thesenuavieers are given as

", 2 ", 2 ", 2

2= T2 - 4 MW

(3.4)

wherem” is the total panel mass per unit area &nés the transverse core shear modulus.
As shown in Figure 3.1d is the distance between the faceplate neutral axes, whscimasg
thatd is much larger than the thickness of the faceplates is alsd tesrepresent the core
thickness.D; is the bending stiffness of the cross-section &nds the bending stiffness of

an individual faceplate. These flexural stiffness termsgaren by

Edh;
2(1—wv?2)’

ER?

(@) Dy = 2=

(b) D> = (3.5)

whereh; << d is the faceplate thickness. The physical parameters usewbt®| the

composite sandwich panel are given in Table 3.1. The pammate chosen to yield a
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panel with equal static stiffness but a four times lower n@sunit area than that of the
homogeneous 1.6 mm thick aluminium panel specified in TaldleEquation (3.3) has one
real and two imaginary pairs of axi-symmetric solutionst simplicity the sandwich panel
is assumed to have the same mode shapes as a correspondlisignibly supported panel
given in Equation (3.1) and that (a) the equivalent flexuigitlity D, (b) wavenumber at

resonancé, and (c) natural frequencies. are given by

wrm/ m,m ny ki Dy g6 202D,
@n =<1 (b)k,-:\/( ) (), (cm:\/ et ANEYS

1+ k250

where the wavenumbeér in Equation (3.6)(a) corresponds to the real wavenumber- sol
tion of Equation (3.3), which corresponds to travelling eavThe imaginary wavenumber
solutions to Equation (3.3) correspond to decaying neat figlves, which are neglected.
The highest mode order of interest is calculated using the/algnt flexural rigidity at the
highest frequency of interest. The acoustic coincidereguency is found by reformulating
Equation (3.3) as an implicit function in.. Settingw = w. andk = k. = w./co Equation

(3.3) results in the following relationship

2DsD D D
4 2Dy 1 1

— —1=0. 3.7
We (de”cg) * (m”cﬁ Gdcg) (3.7)

This basic model captures the principal characteristics sdndwich panel and is thought

to be suitable for an initial comparison between the stmattiesponse and radiated sound
power of thin homogeneous and sandwich active panels. A cwrglex model, consid-
ering near field waves and the cross-section dynamics ofahdvsich structure, may be
needed for more detailed investigations. In particulag,rtbar field wave effect could play
an important role in the stability of the feedback contrapge when realistic sensor and

actuator transducers are considered.
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Table 3.1: Cross section geometry and physical propeuiethé composite sandwich panel.

Parameter Symbol Value Unit
Thickness of face-plate hy 0.3 mm
Core depth d 3.0 mm
Mass density face-plates pf 1000 kg nr3
Mass density core e 180 kg nr3
Panel mass per unit area m” 1.086 kg m2
Young’s modulus face plates E 17.7 GPa
Poisson’s ratio v 0.33 -
Shear modulus core G 80 MPa
Loss factor n 0.02 —

Y =2hspp + (d — hy)pe

g

A

Figure 3.1: Sketch of sandwich panel cross section geometry

3.1.3 Element resolution and mode

range

As discussed in Chapter 2 the required panel element resoldépends on

o the flexural response of the panels as described in subse&id.1 and 3.1.2 above,

¢ the radiation properties of the panels, which are given byr#idiation matrix as de-

fined in Chapter 2, Equation (2.16) and

¢ the disturbance characteristics, given in Chapter 2, Secfidl.1, 2.1.3 and 2.1.4.

Table 3.2 summarizes the frequency range, element distiband criteria used to define

the element grid density in the prediction models.

Table 3.2: Frequency range and element grid definition.

Excitation maximum No. of elements Total No. Criterion

frequency x« Y of elements x Y
APW 20 kHz 57 51 2907 Ay <Xo/35 Ay <A/35
ADF 12 kHz 39 35 1365 Ay < \o/4 Ay < XNo/4
TBL 12 kHz 35 77 2695 Ay <Xo/35 Ay < Aeonw/3.5

43



In this study modes with natural frequency up to twice theeolrsd frequency range were
considered in the model of the panels, i.e. up to 40 kHz for A8Xaitation and up to 24
kHz for ADF and TBL excitation. All modes were considered dymeally with stiffness
damping and mass parts (see Appendix A). For the APW exmitdahie total number of
modes are 527 for the aluminium panel and 1425 for the samdvéoel. For the ADF and
TBL excitation the total number of modes considered are 3L&®aluminium panel and

558 for the sandwich panel.

3.2 Panel characteristics

The most significant difference between the thin homogesmiend sandwich panels is the
frequency dependence of the propagating transverse wanens. For thin homogeneous
panels the transverse wavenumber increases iiitfor all frequencies. The transverse
wavenumber of a sandwich structure has distinct ‘low’, ‘madd ‘high’ frequency be-
haviour. At low frequencies the transverse wavenumber igidated by the cross-section
bending and increases witjiw. With increasing frequency the transverse response is in-
creasingly dominated by non-dispersive shear wave distodue to the sandwich core
material. In the shear-controlled region the transversewamber is controlled by the core
shear and hence increases in proportio toAt high frequencies the rate of increase of
the transverse wavenumber is limited by the wavenumbervhich corresponds to pure

faceplate bending so that,&o dependence again occurs.

The structural response and sound radiation of panels ramegdt affected by the coinci-

dence phenomena [19]. Acoustic coincidence occurs in #geuéncy range between the
acoustic critical frequency where the acoustic wavelengdtches the transverse structural
wavelength and about twice the acoustic critical frequemicgre the projected wavelength
of a plane acoustic wave incident at an anglée45° matches the structural transverse

wavelength.

At acoustic coincidence structural modes are efficientlyited by acoustic fields and also
radiate sound very efficiently. The three wavenumber fraquéands described above play
an important role for the forced structural response anddgoadiation of a sandwich panel.
In particular it is the magnitude of the non-dispersive sheavenumber that determines the
bandwidth and extent of the coincidence effect. As showngure 3.2 three cases may be
considered [19].
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a)

b)

If the shear wavenumbeér = w+/m”/(Gd) is higher than acoustic wavenumbigr=
w/co then acoustic coincidence does not occur until very highueacies where even-

tually &,y = ko.

If the shear wavenumbéy is similar or in the extreme case equals the acoustic wavenum
ber k, then acoustic coincidence occurs over a wide frequency bautidat, potentially,
a large number of modes are efficiently excited at resonamd¢@zo efficiently radiate

sound.

If the shear wavenumbét, is much lower then the acoustic wavenumber then acoustic
coincidence occurs at relatively low frequencies whigre- k. In this case too sound
radiation from the sandwich panel will be higher than thatrfra corresponding homo-
geneous panel since the wavenumber curves intersect atlleasigia so that the panel
transverse and acoustic wavenumber remain in close priyxower a wider range of

frequencies.

Acoustic wave number

log(Wavenumber)

v

Log(Frequency)

Figure 3.2: Schematic graph of sandwich panel transversenanbers for three different cases of core shear
stiffness, (afks > ko, (b) ks ~ ko and (C)ks < ko.

Additionally to acoustic coincidence effects convectieencidence occurs for TBL excita-

tion when the transverse wavenumber in the direction of ithikosv on the panel equals the

convective wavenumber of the turbulent boundary layer.
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3.2.1 Wavenumbers and coincidence frequencies

Figure 3.3 shows the positive propagating bending waveruab a function of frequency
for (a) the aluminium panel and (b) the composite sandwiatepeonsidered in this sim-
ulation study. The circles represent the modal wavenuméeponents along the- and
y-directions. The wavenumber components satisfy the oglghiipk,, = /kZ , + k7. The
convective and acoustic wavenumber are givelk by, = w/U.on, andky = w/cq respec-

tively.

At frequencies below 11 kHz the transverse wavenumber afdhgosite sandwich panel,
shown in Figure 3.3(b), is lower than that for the aluminiuamel, shown in Figure 3.3(a).
As discussed above, the transverse wavenumber of the alumpanel is increasing pro-
portional to\/w over the entire frequency range. At low frequencies thestrarse wavenum-
ber of the sandwich panel is also increasing proportiongldo In this frequency range the
transverse wavenumber of both panels at a given frequengsofortional to</m”/D.
Both panels have equal static stiffness but the aluminiurelgzas a four times higher mass
per unit area. Thus, for low frequencies the bending wavdrauaifor the aluminium panel
are v/2 higher than those for the composite sandwich panel. Witheasing frequency
the non-dispersive transverse shear distortion of the legex results in a more rapid in-
crease in the transverse wavenumber of the sandwich pamne \wbcomes proportional to
w for high frequencies. The limiting effect due to faceplaendling at high frequencies
falls outside the observed frequency range. At about 11 ldtlz panel models have similar

wavenumbers.

The lower wavenumbers on the composite sandwich panel dtéoencies result in lower
coincidence frequencies than for the aluminium panel. R@atuminium panel the acoustic
critical frequency occurs at about 7.5 kHz. For the compasiindwich panel the acoustic
critical frequency occurs at about 5.5 kHz. Efficient raidiatmodes that resonate around
coincidence produce high structural response and soumaticadeffects. Thus, according
to the wavenumber plots in Figure 3.3, the composite saridpanel is likely to radiate

sound more efficiently than the aluminium panel for a widegeof audio frequencies.

For thin aluminium panels, the effect of acoustic coincepften is not a problem for
practical engineering applications since it occurs at fygeu end of the audio frequency
range where the structural response has already rollediefta@the mass effect and due to

effective passive treatments. For lightweight sandwidlcstires the coincidence frequency
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potentially occurs in the mid audio frequency range wheeerésponse of the panel is still
controlled by discrete clusters of modes. This might camseralesired increase in sound
radiation, since at low and mid audio frequencies the respaf the panel has not rolled

off due to the mass effect and passive control measures ntayank so effectively.

Assuming the TBL excitation with the parameters defined inda&l3, the convective co-
incidence frequency for the aluminium and composite sadd\wanels occurs at 1169 Hz
and 609 Hz respectively. This is representative for a fuyedloped TBL on the outside
of an aircraft fuselage at a cruising speed of about 810 kidde to the low coincidence
frequency and the directionality of the disturbance fieldy@ few structural modes of the
composite sandwich panel resonate in the vicinity of theveotive coincidence frequency.
This indicates a potential for active structural controliethtends to be particularly effec-
tive at controlling low frequency resonances. The effecthef convective coincidence is
discussed in more detail in Section 3.3. The acoustic atinad coincidence frequencies

and the convective coincidence frequency for the two paarelsummarised in Table 3.3.

It should be noted that the convective coincidence diret#fyends on the free flow velocity.
The convective coincidence therefore shifts towards hidfleguencies for increasing flow
speeds and towards lower frequencies for decreasing floedspeHence the convective
coincidence effects may occur over a relatively wide low tiol mudio frequency range

during a typical operation cycle of an aircratft.

—y
o
N

Wavenumber [rad/m]

10

10° 10° 10* 10° 10° 10"
Frequency [Hz] Frequency [Hz]

Figure 3.3: Propagating transverse wavenumieti{) of the (a) aluminium and (b) composite sand-
wich panel; acoustic wavenumbetalshed) and convective wavenumbeddsh — dotted). Wavenumber
components of structural modes in span-wisdirection ¢lack circles) and in stream-wise-direction
(white circles).
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Table 3.3: Coincidence frequencies.

Panel Acoustic critical Excitation coincidence Convectiancidence
frequency [Hz] frequency [Hz] frequency [Hz]
for APW =45 for TBL disturbance
Aluminium 7,544 15,087 1,169
Sandwich 5,489 190,663 609

3.2.2 Modal density and modal overlap

As shown in Figure 2.6, at low frequencies the response dltiminium panel and radiated
sound power of the aluminium panel is characterised by segllarated resonances which
are controlled by low order resonant modes. With increasieguency, the panel response
and radiated sound power are increasingly controlled bylapging clusters of modes.
A statistical measure to describe the distribution of redténequencies in the frequency
domain is the so-called ‘modal density’. One definition o thuantity at any frequency is
“the inverse of the expected (or averaged) interval betwegghbouring natural frequencies
local to that frequency” [19]. If the modal density is given aff) it is defined as “the
number of natural frequencies per Hz”. For bending wavefiomitomogeneous panels the

modal density is constant with frequency and given by Cra®} s

=Py = 3.8
() =5 (38)
whereA,, is the panel surface area,” is the panel mass per unit area ands the bending

stiffness. For high frequencies this expression represamtexpected value of the modal
density for a population of grossly similar panels with Btigifferences in aspect ratios and

boundary conditions. For a sandwich panel the modal deisdityited by three asymptotes

related to cross-section bending, core shear, and face lgaiding:

(@) n(f):% g_'l' ©) n(f) =20 A (© n(f)z% 2”;2

(3.9)

Clarkson and Ranky [60] have derived an explicit expressiothi®modal density of sand-
wich panels. The notations in the formulations given by Glarkand Ranky [60] have been

adapted to the notations for the sandwich panel parametérsed in Section 3.1 to give
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//A ", 2 2 2D
n(f)z% 1+ e e , (3.10)
’ Yo+ am () D,
where the parameteris given as
2G,
= : A1
I= dEh, (3.11)

It should be noted that Equation (3.10) neglects the limgitase of pure faceplate bending
which would result in a constant modal density asymptotagit frequencies. As shown
in Figure 3.4 this is not an issue for the sandwich panel clamsd in this simulation study
since even at the upper end of the observed frequency raeggrictural response and
hence the modal density is clearly shear-controlled. Thdahdensity curves shown in
Figure 3.4 are derived from Equations (3.8) to (3.11) whilke &and lines and circles repre-
sents the specific density of the natural modes of the paoelsidered in this simulation

study, which for each natural frequency have been calalfaben

n(fy) = (f1+ f2;f1>_ and n(f,) = (@)_ (3.12)

2

where f, is ther-th natural frequency of the panels. The modal density ofatheninium
panel, shown in Figure 3.4(a), is constant with frequencytaas a value of 0.0137 [per Hz].
For low frequencies the modal density of the composite satdpanel shown in Figure
3.4(b) has a lower modal density than the aluminium panethWreasing frequency the
modal density rises and reaches the same value as for thanalompanel at about 6150 Hz.
In this frequency range the structural response of the shdvanel is shear controlled and
the modal density increases linearly with frequency. Bothakymptotic limit in Equation
(3.9) and the results from Equation (3.10) are in generalyogagreement with the specific
density of modes for the panels estimated from Equatior2§3The high variation between
the modal density and the specific frequency spacing betwatmal modes of the panels
illustrates that the modal density is a statistical par@amehich is only valid for the average
over either an assemble of similar panels or the averageasvassemble of neighbouring

modes in a wider frequency band.
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Figure 3.4: Statistical and numerical modal density fortf@ homogeneous aluminium panel and (b) the
composite sandwich panel. Numerical resutis-fles — dotted), statistical resultssplid) and asymptotic
limits for the sandwich panelf@int — dashed).

The modal overlap factor gives the ratio of the half-powendvaidth to the local average

interval between natural frequencies [19] and is given by

M(f) = fun(f) (3.13)

wheref is the frequency in Hzy is the material loss factor and f) is the modal density.
For modal overlap factors below unity the response of a &irads characterised by well-
separated resonant modes with narrow peaks at their n&tgakncies which are separated
by broad troughs. A3/ approaches unity, the individual modal responses beginadap
and, as it increases beyond unity, neighbouring modes cantbiform broad overlapping
clusters of modes separated by narrow dips. The modal gvéatdor therefore plays a
major role in the analysis of high frequency response basgutababilistic models such as
Statistical Energy Analysis (SEA) [19, 59].

Velocity feedback control systems introduce active dam@fiects on a panel, which are
particularly effective at resonance frequencies. Thusmbeal overlap factor is of great
importance in this study since it provides an indicationhs frequency band where the
response of a structure is controlled by individual resbnasdes and thus active damping

could be efficiently employed to reduce the response andds@diation of the structure.

The modal overlap factor for the aluminium panel in Figurg i8.increasing linearly with
frequency and exceeds unity for frequencies above 3623 HinwAfrequencies the modal

overlap factor for the composite sandwich panel in Figukei8.lower than that of the
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aluminium panel and exceeds unity at a higher frequencyadfiadb00 Hz. For frequencies
above 1000 Hz the response of the sandwich panel is incogpgafiuenced by shear effects
which results in a more rapidly rising modal overlap. In tinea controlled frequency

region the modal overlap increases proportionatto

10°

Modal overlap

0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
Frequency [Hz] % 10*

Figure 3.5: Modal overlap factor for the homogeneous aliuminpanel 6olid) and the composite sandwich
panel @ashed).

The results for the modal density and modal overlap inditteiethe response of the sand-
wich panel is controlled by individual resonant modes overider range of low and mid
audio frequencies than the aluminium panel. This impliastie response of the composite
sandwich panel can be efficiently controlled by means o¥actelocity feedback control

over a wider range of audio frequencies.

With control systems comprising evenly spaced discretecwi®l feedback loops not all
modes can be efficiently controlled and the frequency range which control effects are
guaranteed is a function of the total number of discretelfaekiloops and the frequency de-
pendent total mode count. The statistical mode count isxgiyeintegral of the modal den-
sity in the interval between 0 Hz and the observation frequenhile for specific systems
the mode count is simply given by the number of natural mod#sn&sonance frequencies
below the observation frequency. Due to the lower modal ileasd hence lower mode
count of the sandwich panel, control effects due to a finitelper of velocity feedback

loops are expected to extend to higher frequencies thahdéaliminium panel.
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3.3 Structural response and sound radiation

At first the structural response and sound radiation of thmadium panel and the compos-
ite sandwich panel due to deterministic and stochastiaidiances are investigated without
active control. Significant differences in the panel reggoand sound radiation are ob-
served for different types of disturbances. The structteshonse of the panels is assessed
in terms of the panel kinetic energy which also gives an w@iibe of the acoustic field in
the close proximity of the panel. The sound transmissioougin the panels is assessed in
terms of the far field radiated sound power for a unit presanmglitude of the pressure fluc-
tuation on the source side of the panel. Since radiatiorefoaad fluid loading effects have
been neglected, the spectrum of panel kinetic energy odgriis on the characteristics of
the disturbance and the panel structural response. Theapéthe radiated sound power

also include the radiation characteristics of the panels.

3.3.1 Acoustic plane wave

Figure 3.6 shows the frequency spectrum of panel kineticggng@eft hand side) and ra-
diated sound power (right hand side) of the aluminium pagsdlid) line and composite
sandwich panelflaint) line for a plane wave excitation. Three different anglesnai-

dence are considered=0° (normal incidence)y=45> andf#=90° (grazing incidence). The

in-plane excitation angle iz = 45° for all cases, where relevant.

APW with 6 = 0° (normal incidence):

Figure 3.6(a) and (b) show the structural response andteats@mund power for both panels
due to a plane wave excitation at normal incidence. Evertstral modes are not excited.
This is because the excitation field is uniform over the sugfaf the panel. Odd modes
however are efficiently excited. Since the plane wave iglei normal to the panel surface
no excitation coincidence effects are present in the lgrestergy and radiated sound power
spectra. Above the first few resonances of the panel, théi&ieeergy follows the mass law
[19] and rolls off at a rate of 6 dB per octave, i.e. 20 dB peradiec In this mass-controlled
frequency band the panel kinetic energy of the compositew@h panel is about 6 dB
higher than that of the aluminium panel. This is because lin@iaium panel has a four
times higher mass per unit area. Corresponding low ordenaggonodes for the two panels

have a similar response magnitude but are shifted in frexyuley a factor of 2.
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(a) APW 6 = 0° (normal incidence) (b) APW 8 = 0° (normal incidence)
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Figure 3.6: Panel kinetic energy and radiated sound pow#teofl.6 mm aluminium panek¢lid) and the
composite sandwich panel with equivalent static bendiiffpess (faint) for a acoustic plane wave incident
atd = 0°, 45° and 90. Vertical lines mark the acoustical critical frequency loé aluminium panelsplid),
composite sandwich paneld{shed) and thed = 45° excitation coincidence frequency for the aluminium panel
(dash — dotted).

The radiated sound power for the two panels is the same atdreies well below the

first panel resonance. This is because the radiated souner powthis frequency band is
determined by the static bending stiffness which is equab@ith panels. Above the first
panel resonance, the radiated sound powers are massHamhtrp to frequencies close to
the acoustic critical frequencies [19] of the two panelsthie mass-controlled region, the

radiated sound power of the composite sandwich panel is 1BigBer than that of the
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aluminium panel. The radiated sound power of the aluminiamepfollows the mass law
up to 5 kHz. Around the acoustic critical frequency at ababtkHz, the radiated sound
power increases because of the acoustic coincidence efféna radiation properties of the
panel [19]. The radiated sound power of the composite sartdpanel follows the mass
law only up to 2 kHz. Around the critical frequency at bout %3z the radiated sound
power increases because of the radiation acoustic commdeffect. Around 5.5 kHz, the
radiated sound power spectra of the composite sandwicH gam®re than 20 dB higher

than that of the aluminium panel.

The radiation acoustic coincidence frequency range forctraposite sandwich panel is
wider than that for the aluminium panel. This is due to thediton from bending to
shear response which produces acoustic coincidence mnsiitver an extended frequency
band. This effect can be visualised in the wavenumber ploEBgure 3.3. The lines for
the acoustic wavenumber and the flexural wavenumber forlthmimium panel intersect
at a rather wide angle at the critical frequency. In conttlastacoustic wavenumber and
the transverse wavenumber lines for the composite sangyaictl intersect at a more shal-
low angle and remain in close proximity to each other aboeectitical frequency so that
the radiation acoustic coincidence effect extends overdemirequency band. It is also
interesting to note that, at low frequencies, the spectta®fadiated sound power of the
aluminium panel are characterised by resonance and autnaece effects. This occurs
between two structural resonances that interfere desteligtcausing a cancellation of the

modal contributions to the radiated sound power.

APW with 6 = 45°

Figure 3.6(c) and (d) show the panel response and radiated gmwer for a plane wave in-
cident at an anglé=45°. In this case all structural modes are efficiently excitebdoye the
first resonance frequency, the structural response of theimium panel follows the mass
law up to about 10 kHz. Around this frequency the spectrumhefgganel kinetic energy
shows a wide frequency band crest composed of a series olares® peaks. This is because
the projection of the acoustic excitation wave onto the paandace for an anglé=45’ is
V2 longer than the acoustic wavelength. Thus, since the bgneiavenumber is propor-
tional to ,/w an excitation coincidence effect occurs at twice the @aitfrequency, that is
about 15 kHz. Around this coincidence frequency the respohthe panel is dominated by

resonances of efficiently excited modes whose responsesaim@lled by structural damp-
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ing. Above this coincidence frequency the panel responstfisess and mass controlled

and rolls off rapidly at a rate of 36 dB per octave.

The structural response of the composite sandwich panslmtesxhibit this excitation co-
incidence effect, which occurs at 190 kHz and is therefoitsida the observed frequency
range. This is because the structural wavenumber of thenseimgbanel in the shear tran-
sition region is higher than the projected wavenumber obtiwustic excitation/(v/2c).
The response of the composite sandwich panel at high fregeseexhibits mass-controlled

behaviour. However the roll off rate is lower than 6 dB perawet

The radiated sound power of the aluminium panel is mass@ited up to 5 kHz. Above

5 kHz the radiated sound power spectra of the aluminium petvel/s the combined effect
of the radiation acoustic coincidence around the acoustical frequency at 7.5 kHz, and
the excitation coincidence at 15 kHz. The radiated soundep@pectra of the compos-
ite sandwich panel exhibits these radiation and excitagiooustic coincidence effects in
the frequency range between 2 and 10 kHz. At 5.5 kHz the rdlisbund power of the

composite sandwich panel is about 25 dB higher than thateodliiiminium panel.

In comparison to the kinetic energy spectra, below thecaiitirequency, some resonant
peaks are significantly reduced in the spectrum of the radlisdund power. This is because
the surface pressure fluctuations caused by even modescacintéach other and are not

efficiently radiated into the far field [19].

APW with 6 =90

Figure 3.6(e) and (f) show the panel response and radiatetigmower for a plane wave
incident at an anglé=90C° (grazing incidence). At this angle the plane wave excités al
structural modes. For grazing incidence both the excitamustic coincidence and the ra-
diation acoustic coincidence occur at the critical frequyef his is because the wavelength
of the acoustic excitation projects directly onto the paneface. The response of the pan-
els around the critical frequency is dominated by discréteiently excited modes whose
responses are controlled by structural damping. Aboverlitieat frequency the panel re-
sponse is stiffness and mass controlled and rolls off rgpidie response of the aluminium
panel rolls off at a rate of 36 dB per octave. The responseeottimposite sandwich panel
rolls off at a lower rate of about 16 dB per octave. This ddfere is caused by the shear

distortion in the transverse wavenumber of the sandwiclelpahich results in a decrease
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of the transverse stiffness and thus results in an incrdabe onodal density.

The spectra of the radiated sound power for frequencies Upkidz are very similar to
those for the plane wave incident@&t45°. For higher frequencies, both panels show the
overlaying acoustic coincidence effect in the excitationl éhe radiation characteristics.
Around critical frequency, the sound power spectra is dateith by individual efficiently
radiating resonant modes. Above coincidence the radiataddspower of both panels
rolls off rapidly with frequency. Around the acoustic atdl frequency of the composite
sandwich panel at 5.5 kHz the radiated sound power of thewgahganel exceeds that
of the aluminium panel by about 30 dB. Also in this case, belogvdritical frequencies
the amplitudes of the resonance peak of even modes are sattadirbecause of their low

radiation efficiency.

3.3.2 Stochastic disturbances

Figure 3.7 shows the predicted panel kinetic energy (lefidhside) and radiated sound
power (right hand side) of the aluminium panebl(d) line and composite sandwich panel
(faint) line for acoustic diffuse field (top row) and turbulent bdany layer (bottom row)

disturbances. The spectra are normalised to the powerrap@ensities of equivalent acous-

tic plane wave with a pressure amplitude of 1 Pa at all freqiesn

For very low frequency the correlation function for ADF anBLTexcitations tend to unity
and the wavelength of an acoustic plane wave becomes langgared to the panel dimen-
sions. Therefore all disturbance types show very similamatised response levels at low
frequencies. Differences in the response spectra at higggprencies are due to the spatial

excitation characteristics with respect to structurgboese of the panels.

Acoustic diffuse field

Figures 3.7(a) and (b) show the structural response andtestdsound power of the alu-
minium panel and the composite sandwich panel for an aadstuse field disturbance.
Compared with Figure 3.6(c) and (d) it can be seen that the teguincy structural re-
sponse and radiated sound power of both panels up to 1 kHzyisweilar to the response

to an acoustic plane wave with incidence angles45 andy = 45°.
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Figure 3.7: Panel kinetic energy and radiated sound powethf 1.6 mm aluminium panekéiid) and

the composite sandwich panel with equivalent static bendtiffness (aint) for ADF and TBL stochastic
disturbances. Vertical lines mark the acoustical criticedjuencies and aerodynamic coincidence frequencies
of the aluminium panelsplid) and the composite sandwich panét{hed).

Figure 3.7(a) shows that, at higher frequencies the stralatesponse of the aluminium and
composite sandwich panel are characterised by the extitattoustic coincidence effect,
which, for diffuse acoustic excitation, occurs around tbeustic critical frequencies at 7.5
kHz for the aluminium panel and 5.5 kHz for the composite sadk panel. The panel
response in the coincidence region is characterised byatisg modes, but the response
of individual modes is less pronounced than for the casesRVAexcitation shown in
Figure 3.6. Above the coincidence region the kinetic ensggctrum of both panels rolls
off at a lower rate than for the cases of APW excitation. Thi#erences in the response
spectra can also be explained by the fact that the ADF ebantas formed by acoustic
waves at arbitrary random angles of incidence. Figure 3Slifbws the spectrum of the
radiated sound power of the panels for an acoustic diffuse fisturbance. As for the
acoustic plane wave excitation at grazing angle in Figuéée3, the spectrum of radiated
sound power in Figure 3.7(b) shows the combined effect ofisttoexcitation coincidence
and radiation coincidence, which cause a considerableaser of radiated sound power

around the acoustic critical frequency.
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Turbulent boundary layer

Figures 3.7(c) and (d) show the structural response andteatisound power of both panels
for the TBL disturbance. In the frequency range below 2 kHzrésponse of both panels
is dominated by resonances of low order modes. For the alumipanel the convective
coincidence occurs at 1169 Hz, while for the composite s&idpanel it occurs at 609 Hz.
The panel response therefore depends on how efficientlyfsp@odes are excited by the
TBL disturbance. Above the convective coincidence regioa response of the aluminium
panel drops off at a rate of 9 dB per octave. The roll off ratetii®@ composite sandwich

panel is slightly lower. This is due to the increasing modaisity.

In order to discuss the response of low order structural maderBL disturbance it is
necessary to recall the properties of the correlation fandior the TBL disturbance in
Equation (2.32). Since the correlation function for the TBIthez-direction (span-wise) is
characterised by a monotonically decaying exponentiattfan, there are no coincidence
effects along the:-direction of the panels. Therefore only structural modés &w modal
wavenumber component in thyedirection which is close to the convective wavenumber are

characterised by a coincidence effect.

Table 3.4 gives the panel modes that are efficiently exciteddincidence with the TBL
downstream convective field. Bold mode orders indicate efiitty radiating modes, modes
in brackets indicate a group of modes that cannot be digshgd as individual resonance
peaks in Figure 3.7(c) and (d) and the dashed horizontad Inark the convective coin-
cidence frequency. The comparison between the two panelgsstihat for the aluminium
panel more modes are efficiently excited by the TBL disturbathan for the composite
sandwich panel. A comparison of the results in Table 3.4 wigure 3.3 shows that ef-
ficiently excited modes indeed have a wavenumber componeéheiy-direction (stream-

wise) that is close to the convective wavenumber.

The radiated sound power spectrum in Figure 3.7(d) showisottch order modes radiate
sound efficiently. Although even modes generally have a ation efficiently, the even
(2,4) mode of the aluminium panel and the (1,2) mode of thepmsite sandwich panel also
show high resonant peaks in the radiated sound power speétigure 3.7(d). Comparison
with Figure 3.3 shows that both modes have a wavenumber coempan thez-direction

which is close to the acoustic wavenumber, which resultshigl radiation efficiency.
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Table 3.4: Modes efficiently excited by TBL.

Aluminium panel Composite sandwich panel
Mode number Frequency mode ordeMode number frequency mode order

[HZ] (nz, ny) [HZ] (nz, ny)

1 114 (1,1) 1 225 (1,1)

2 266 (2,1) 3 588 (1,2)

3 306 @2 | ------- 609  -------

4 457 (2,2) 4 862 (2,2)

6 626 1,3) 6 1155 1,3)

7 710 (3,2)

8 777 (2,3)

10 1029 (3,3)

11 1063 4,2)

12 1073 (1,4)

------- 1169 SRR

13 1224 (2,4)

16 1477 (3,4)

18 1648 (1,5)

19 1800 (2,5)

26 2351 (1,6)

3.4 Decentralised velocity feedback control

In this section the structural response and sound radiafitime aluminium panel and the
composite sandwich panel with active structural controldeterministic and stochastic
distributed disturbances are considered. As shown in Ei@u@(b) and Figure 3.8, the

panels are fitted with 16 decentralised ideal velocity fee#lcontrol loops.

Figures 3.9 and 3.10 show the structural response and satelted sound power for the
aluminium panel (left hand side) and the composite pangh{ihand side) with feedback
gains in the range from 5 to 80. As discussed by Gardonio almttP3], velocity feed-
back control introduces active damping. This allows thepoese of modes at resonance
to be controlled. Away from resonance frequencies, actarapuing is not effective. For
low feedback gains, the resonant peaks are initially rodradel anti-resonances in the ra-
diated sound power spectra disappear. For increasingdekdfains, new resonance peaks
start to develop. For the composite sandwich panel thisredou control gains above 20
and for the aluminium panel for gains above 40. This diffeeerelates to the structural
impedances of the panels. Only with high feedback contrivisgare the resonances of low
order modes completely cancelled by the sixteen feedbamslo In the high frequency
region, the control is limited by the large number of modex ttontribute to the response

at each frequency.
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Figure 3.8: Spatial distribution of control loops across panel.

For all disturbances, the controllable frequency rangéfercomposite sandwich panel ex-
tends to higher frequencies than for the aluminium paneis iBhpredominantly due to the
lower modal density [19] on the composite sandwich paneblsd due to the lower con-
vective and acoustic coincidence frequencies. At coimzidethe response of the panels
is dominated by the response of discrete resonant modese Tasonances can be effec-
tively reduced by means of active velocity feedback. As showFigure 3.9 considerable
reductions in the structural response of the aluminium pzarebe achieved up to about 1.5
kHz for the APW (=45), up to 2 kHz for the ADF and up to 3 kHz for TBL disturbance.
For the composite sandwich panel, considerable reductibiiie response can be achieved
for frequencies up to twice as high. As shown in Figure 3.19saerable reductions in
radiated sound power of the aluminium panel can be achieped & kHz for the APW
(/=45°) and ADF disturbances, while for the TBL disturbance consildke reductions are
achieved up to 3 kHz. As found for the kinetic energy, for tbenposite sandwich panel
considerable reductions of the radiated sound power camtaéned for frequencies up to

twice as high as for the aluminium panel.

The predicted control performance for the structural raspand radiated sound power for
the TBL disturbance is much higher than those for acoustittaians. This is because
the kinetic energy and radiated sound power spectra arenddad by a smaller number
of resonant modes for which thig structural wavenumber coincides with the convective
wavenumber of the TBL disturbance. The response and soundrpadiation for APW

and ADF disturbances are instead characterized by a lamgbeniof resonant modes, for
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which either thek, or k, structural wavenumbers components coincide with the dioous

wavenumber. Thus a large number of feedback control unitddvoe required to obtain

the same bandwidth as for the TBL excitation.
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Figure 3.9: Kinetic energy of a 1.6 mm aluminium panel (leftuenn) and a composite sandwich panel
with equivalent static bending stiffness (right column}wi6 discrete idealized velocity feedback loops for
APW (6=45°) excitation and ADF and TBL stochastic disturbances. Ragsinel folid), feedback gain of

5 (dashed), 10 (dash — dotted), 20 (dotted), 40 (faint) and 80 (faint — dashed). Vertical lines mark the
acoustical critical frequencyl¢shed) and convective coincidence frequeneyl(d).

61



(a) APW 8 = 45° Aluminum panel (b) APW 6 = 45° Composite sandwich panel
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Figure 3.10: Radiated sound power from a 1.6 mm Aluminiumepdeft column) and the composite sand-
wich panel with equivalent static bending stiffness (rigblumn) with 16 discrete idealized velocity feedback
loops for APW (=45°) excitation and ADF and TBL stochastic disturbances. Ragsnel §olid), feedback
gain of 5 dashed), 10 (dash — dotted), 20 (dotted), 40 {aint) and 80 (aint — dashed). Vertical lines mark
the acoustical critical frequency{shed) and convective coincidence frequeneyi(d).

Figure 3.11 shows the spectrum of the radiated sound povike @luminium panel excited
by an ADF disturbance from Figure 3.10(c) on a linear freqyestale. The vertical line
marks the acoustical critical frequency at 7.5 kHz. It isvehdhat, in the coincidence
region around 7.5 kHz, with a feedback gain of 80 significaduictions of up to 7 dB can
be achieved. This is because the panel response and rasiated power around acoustic

coincidence is dominated by the damping-controlled respafithose resonant modes that
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Figure 3.11: Radiated sound power from the 1.6 mm aluminiamepwith 16 discrete idealized velocity
feedback loops for a ADF disturbance and with a feedback ga (dashed), 10 (dash — dotted), 20
(dotted), 40 (faint) and 80 (aint — dashed). The vertical line marks the acoustical critical frequenc
(dashed).

are efficiently excited by the coincident acoustic field.

At these high frequencies, the bending wavelength on thelp@shorter than the distances
between the control loops. One may therefore expect thatihieol performance for single
modes will depend on the spatial distribution of the contirots with respect to the shape of
the modes. However, for stochastic disturbances a wideerafhstructural modes is excited
at coincidence so that some reductions may still be expdoteeven distributions of the
control loops. Reductions of the response and radiated spawer in the coincidence
region of thin aluminium panels may not be of practical iagtbecause this effect occurs
at the upper end of the audio frequency range and can be efficeontrolled by means
of passive damping treatments. For composite sandwichlgo#ree coincidence occurs at
much lower frequencies and affects low order modes. In thée @decentralised velocity

feedback control is thought to be a promising control apghmoa

Figure 3.12 shows the reductions of both panels kineticggn@eft hand side) and radiated
sound power (right hand side) for a feedback gain of 20. Tlaplgg are plotted against
wavenumber. Setting the spectra scale to the wavenumbersponds to a normalisation
of the stiffness to mass ratio of the two panels. The diffeeem the response is then
given by the square root of the mass ratio. Since the alumimanel is four times heavier
than the composite panel, the control effort for similarugttbns of the response of equal
order modes is twice as high. For all disturbance cases thieatoeductions obtained for

low order modes of the composite sandwich panel are signtficaigher than those for

corresponding modes of the aluminium panel. As shown inreg3.12(b) and (d), for the
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acoustic disturbances, considerably higher reductiontberradiated sound power of the
composite sandwich panel are achieved for modes resoratinond the acoustic critical

wavenumber of the composite sandwich panel at 100 rad/m.

(a) APW 45° ; Aluminium H=20 ; Composite H=20 (b) APW 45° ; Aluminium H=20 ; Composite H=20
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Figure 3.12: Changes in panel kinetic energy and radiateddspower plotted over the structural wavenum-
ber, for a 1.6 mm aluminium panel with feedback gain of 284dJ) and the composite sandwich panel with
feedback gain of 20f{uint) with 16 discrete idealized velocity feedback loops for ARI\= 45°) ADF and
TBL disturbance. Vertical lines mark the acoustical cati@lashed) and convective coincidence frequency
(solid).
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Figure 3.13 shows the reduction of the the A-weighted pameltic energy (left hand side)
and total sound power radiated (right hand side) averagéuakifirequency band between
20 Hz and 12 kHz. This is thought to be a fair approach to askessverall control perfor-

mance of the two panels over this wide range of audio fregasnalthough the considered
forcing spectra are flat. The achieved reductions in thelganetic energy are generally
higher than those for the radiated sound power. This is Isecthe reductions in all res-
onant structural modes are reflected in the overall redogtio panel kinetic energy but
only reductions in efficiently radiating modes affect thell reduction in radiated sound

power.

Considering the acoustic (APW and ADF) disturbance caseiviofeedback gains higher
reductions are achieved for the smart composite sandwicél plaan for the smart homo-
geneous aluminium panel. Optimal control performancelferdomposite sandwich panel
is achieved for a feedback gain of 20. As shown in Figures 8®310, for higher feed-
back gains new resonance behaviour starts to develop whithighes the overall control
performance. For higher feedback gains the predicted tehscfor the aluminium panel
are higher than those for the composite sandwich panelhfokinetic energy this is for
gains above 40 and for the radiated sound power this is farsgabiove 80. The greatest
reductions for the aluminium panel are achieved for a feeklgain of 80. The better con-
trol performance for the composite sandwich panel is duéeocbntrol of the efficiently

radiating modes in the mid audio frequency range.

In the case of the TBL excitation significant reductions ingtreictural response and radi-
ated sound power are predicted for both panels. This is sedie TBL excitation excites
predominantly low order structural modes whose wavenunmb#re y-direction coincides
with that of the stream-wise convective field. These modeshmaefficiently controlled
with decentralised velocity feedback loops. The high respoof low order modes shifts

the optimal control gain for both panels towards higher &alu

The predicted reductions for the composite sandwich pamelbp to 10 dB higher than
those of the aluminium panel. This is partly because only allsnumber of low order

structural modes of the composite sandwich panel are eftigiexcited by the TBL (see
Table 3.4), and because for equal feedback gains the respblwsv order structural modes
of the composite sandwich panel are controlled more effelgtthan those of the aluminium

panel (see Figure 3.12).
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Figure 3.13: Overall reductions in A-weighted panel kio&tinergy and radiated sound power for the panels
with 16 discrete idealized velocity feedback loops. Aluimin panel §olid line / blanc sqares), composite
sandwich panelfaint line / black circles) for a APW (6 = 45°), ADF and TBL disturbance.

In practice it is difficult realise high feedback gains besmaontrol systems are often only

conditionally stable and can also cause control spill-@ffcts at low or high frequencies,

depending on the type of actuator. The lower optimal feekligam for the composite sand-

wich panel may therefore be beneficial for practical appilces. Currently active control

systems are mainly considered for low frequency noise egipdins up to 1 kHz. The re-

sults of this study indicate that for stiff lightweight savidh panels it might be possible to

extend the operative frequency range of active controksystup to mid audio frequencies.



In this case active control systems could balance the pagrdstransmission properties of
lightweight sandwich structures to an extent that wouldifyushe additional expense and
additional installed mass of an active control system. Thay lead to a new design ap-
proach for vehicles where the use of active vibration cdrgystems is considered at the
design stage and the choice of the geometry and materiaédtthcture is not only based
on structural and operational constraints. Such an appreacld also have to take into

account the benefits and drawbacks of active vibration obsyistems.

3.5 Summary

This Chapter presented the results of a simulation studyidemsg a thin homogeneous
panel and a lightweight sandwich panel for different typedistributed deterministic and

stochastic excitations with and without active controleTbjectives were twofold. Firstly,

to investigate and contrast the structural response ansbtlved radiation in the audio fre-
guency range produced by homogeneous and lightweight seimghanels subject to deter-
ministic and stochastic distributed excitations. Secgndl study and compare the control
effects produced by an array of idealized velocity feedlmmkrol loops on homogeneous

and lightweight sandwich panels.

Due to the low modal density and lower convective and acouasincidence frequencies the
response of the composite sandwich panel is dominated byetiésresonant modes over a
wide range of audio frequencies. This indicates a high piatefior the application of active

damping treatments to reduce the panel kinetic energy ahaltea sound power.

It has been demonstrated that for low feedback gains dedisetl velocity feedback control
produces better control performance on the lightweightlagch panel than on the homoge-
neous aluminium panel. This is particularly the case for TBtitation where the structural
response is dominated by low order resonant modes. Disgtieity feedback is efficient
in controlling the resonant response of low order resonaites and also in controlling the
response of individual modes resonating at acoustic ab@mce in the mid and high audio

frequency range.

These results suggest that decentralised velocity fe&di@aurol is efficient in reducing
the structural response and radiated sound power of a legghvsandwich panel in the low
and mid audio frequency range. In this case active contsiksgys could balance the poor

sound transmission properties of lightweight sandwichcstires to an extent that would
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justify the additional expense and additional installedsnaf an active control system.

In this simulation study basic structural models and ide&deity sensor actuator pairs have
been considered. The following chapters present the sefoln theoretical and experi-
mental studies considering an active vibration controlesyswith practical actuator-sensor

pairs on aluminium and honeycomb sandwich test panels.
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Chapter 4

Open and closed-loop base impedance of

proof-mass electrodynamic actuators

This chapter presents the results from simulation and @xpetal studies on the open and
closed loop base response of a practical control unit. Aashio Figure 4.1 the control unit
comprises a proof-mass electrodynamic-actuator aceeltsy-sensor pair and a controller
with integrator and amplifier electronic circuits. The fipsbtotype of this control unit was
developed by Paulitsch et al. [42, 43, 44]. Galez Oaz et al. [33, 34] then produced four
more identical control units and developed a five channetikealised velocity feedback

analogue controller.

c)

Figure 4.1: (a) actuator unit mounted on panel, (b) control schematics and (c) five channel feedback
controller.

The proof mass electro-dynamic actuator is used to genarate/-hook’ force excitation
on the structure where they are mounted. The inertial dotuaechanism is obtained

by fixing the coil assembly to the base of the actuator on wthehpermanent magnet is
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mounted via three soft circular springs and acts as a pr@asfsm For frequencies above
the fundamental resonance frequency of the actudior & 1/27r\/W = 23.2 Hz for
the actuator used in this study) the magnitude of the gezebtdbcked force per unit input
current is frequency independent. Therefore this type tfador can be used as a ‘sky-
hook’ force actuator provided its fundamental resonaneguency is well below that of
the structure under control [19]. As shown in Figure 4.1[i® input signal to the control
actuator is generated by measuring the acceleration abdtprint of the control actuator
base on the opposite side of the panel using an piezoeleotital accelerometer. An
analogue controller is then used to integrate and ampléwatiteleration signal to generate a
velocity proportional input signal to the control actuataithough the controller is assumed
to produce an ideal output current, the response of the @amit for both current- and

voltage-driven actuators are investigated in this study.

In contrast to previous work [33, 34], the experimental amdusation studies presented
in this chapter aim to describe the control units in termshefirt open and closed-loop
base impedances that are exerted to the structure wherat@ayounted. In this way it
is possible to provide a straight-forward physical intetption for both the stability and

control effect produced by the control units.

For this study the five actuators have been fully refurbisteatticular attention has been
given to the fabrication of new circular springs and the ntmgnof the suspension magnet

on the guiding stinger so that elastic and damping non-tieffacts are minimised.
This chapter is organised in three main sections.

e Section 4.1 presents results from experimental and simalatudies on the actuator
blocked force response. A Monte Carlo simulation is used tihéitparameters of a

lumped parameter electromechanical model of the actutdi@sperimental results.

e Section 4.2 presents experimental results on the open asddloop response of a

representative control unit.

e Section 4.3 presents simulation results that provide physiterpretation of the con-
trol unit closed loop response considering both ideal aadtpral frequency response

functions of the controller.

In addition, Appendix C provides the derivation of the foltations for the open and closed
loop base impedance of control units with current and vel@aven proof-mass electrody-

namic actuators.
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4.1 Actuator blocked force frequency response function

This Section presents results from the experimental andlatran studies on the blocked
force response function of the five electrodynamic prootsn@ontrol actuators. A Monte
Carlo simulation is used to fit the parameters of a lumped peteirelectromechanical

model of the actuators to experimental results.

As shown in Figure 4.2, the blocked force response functemesmeasured using a B&K
type 8001 impedance head which is directly attached to ekhbddsteel with a mass of
8.5 kg. All bonds are realized using thin layers of adhesia&.wl he actuators are driven
with a white noise signal in the frequency range from 0 Hz té(bHz. The blocked
force response functions are measured in terms of the énafsiction between the force

measured by the impedance head and the voltage across tieecadiof the actuator.

&

Figure 4.2: Set-up for blocked force measurement.

The Bode diagram in Figure 4.3 shows the measured blocked fesponse function for
all five actuators and the mean of these five responses. Thienaax the response func-
tions occur at the actuator fundamental resonance freguasnabout 25 Hz. The results
indicate that for all actuators this fundamental resonasiteavily damped. For frequen-
cies below this resonance, the blocked force drops rapidly decreasing frequency. For
frequencies above the actuator resonance, up to about 250éHnagnitude of the blocked
force remains approximately constant while above 250 Halg off under the effect of coil

inductance.
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Figure 4.3: Measured blocked force per unit input voltagedib five actuators faint — black), average
blocked force for per input voltagedlid — red).

At low frequencies the phase is about 18@hich indicates that the blocked force at the
base of the actuator is out of phase with the driving elesignal. However around the
actuator fundamental resonance there is & J8@se shift such that above this resonance
frequency the blocked force is in phase with the driving algrHowever, above 250 Hz

there is a gradually increasing phase lag due to the elatimductance of the coil.

The comparison between the blocked force response funofighe different actuators
shows a good overall agreement. Around the actuator reserfaequency, the blocked
force response functions are dominated by internal dangfitige actuators which appears

to rather different for each unit.

For frequencies above 5000 Hz the response functions oftalhtors show a series of three
resonance peaks and anti-resonance troughs, which are the mounting resonances of
the measurement set-up that can be described as a seriesefrthss spring systems (i.e.
the impedance head mass on wax layer, actuator bases masaxdayer and actuator

proof-mass suspended on the circular springs).
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Figure 4.4: Actuator schematics.

Model of actuator blocked force response

As shown schematically in Figure 4.4 the blocked force of ltage-driven electrodynamic

proof-mass actuator can be modelled as

- ZS+\II~—2
§:Z£<1_~ ~Z8 \1,2>7 (41)

Zm2+Z3+Z"_

whereU, is the voltage across the actuator voice cdilis the voice coil coefficient and
Z. = R, + jwL, is the electrical impedance of the voice coil. AlEp= ¢, + ks/(jw) and
Zm2 = jwms are the actuator suspension and proof-mass impedances.fofimulation
includes all mechanical and electrodynamic parameteriseoéttuator. The corresponding
formulation for the blocked force produced by a current«gini electrodynamic proof-mass

actuator is independent of the electrical impedance of tiee\coil and is given by

g’\n| sl

& ZS
Zmy + Zs
where I, is the current through the actuator voice coil. The expoessare derived in

Appendix C.

A Monte Carlo simulation is used to fit the model parametersguodfion (4.1) to the rep-
resentative mean blocked force per unit input voltage mnespdunction in Figure 4.3 in
order to minimise the sum of the squared errors in the freqqueamge between 10 Hz and
2000 Hz. The resulting simulation results for the blockertéoresponse functions from

Equations (4.1) and (4.2) are shown in Figure 4.5. Note tintechanical model of the
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actuator assumes a rigid connection between the blockisg arad the base of the actuator.
Hence the effects of mounting resonances due to the spang€r-mass effects of the thin
bonding layer of adhesive wax and the actuator resonant-spasg)-damper-mass system

are not captured in this model, but the agreement up to 2 kigaaosd.

A comparison between the predicted blocked force respamsgion for the voltage-driven
actuator from Equation (4.1) and that for the current-drieetuator from Equation (4.2)
show that the blocked force for 1 A current is greater tharbtbeked force for 1 V voltage.
Also above the actuator fundamental resonance, the magnénd phase of the blocked
force per unit current is constant with frequency while thegmtude and phase of the
control force per unit voltage drops for increasing frequebecause of the frequency-

dependent electrical impedance of the voice coil.

The estimated parameters used to model the actuators areasised in Table 4.1, where
the values intalic font are estimated using the Monte Carlo simulation and thaegan
bold font are measured average masses of the control unit comizonkich are assumed to
be known with high accuracy. The estimated actuator paensiand the model parameters
previously considered by Paulitsch [42] and Galez Oaz [45], which are also given in
Table 4.1 are in good agreement for the assumed actuatoabdg@oof masses. However,
the estimated spring stiffness is a factor of 3.8 to 5.9 tilmgker than the ones previously
considered. Also the estimated coil electrical conduaanca factor of 2 smaller. The
coil resistance used in Reference [45] is an order of magaihigher than that considered
in Reference [42] and that estimated as in this study. Theswepancies are due to two
principal factors: first the actuators used in this studyehagen fully refurbished and the
suspension spring and coil windings replaced; second themmers used in References
[42] and [45] have been derived from static and simple dyeaanalysis (i.e. static deflec-

tion and natural frequency) rather than the Monte Carlo biestdcedure used here.
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Figure 4.5: Measured average blocked force per input velfadid — black), predicted blocked force for per
input voltage {ash — dotted — red) and predicted blocked force per input currefidhed — blue).

Table 4.1: Parameters for control actuator model.

Parameter Symbol Values Units
This study Ref. [42] Ref. [45]

Base mass m 11+2 10 8 g

Proof mass Mo 24 20.3 22 g

Suspension stiffness k., 511 135 86.85 Nm!

Suspension damping coefficient ¢, 1.99 1 2.76  Nsnt!

Coil electrical resistance R, 2.7 1.8 20 Q

Coil electrical inductance L. 0.0006 0.0014 0.002 H

Voice coil coefficient Y 2.16 2.5 2.6 N AL

4.2 Experimental studies on the control unit response
This section presents the results from experimental stuahe¢he open and closed loop base

impedance of a representative control unit. For the opgnlb@se impedance the actuator is

passive while for the closed loop base impedance the fekdimatrol system is activated.
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4.2.1 Open loop base impedance

As shown in Figure 4.6(a), in the set-up for the open loopeasp measurements the actua-
tor was mounted horizontally on a B&K type 8001 impedance vdaidh was rigidly cou-
pled to an LDS 201 electrodynamic shaker. The bond betweeadtuator and impedance
head was realised using a thin layer of adhesive wax. As showigure 4.6(b) and (c)
the same set-up was also used to measure the impedance ahtywed masses, where a 11
gram lumped mass represents the base mass of the actuasomehiding the voice coil
and a 35 gram lumped mass represents the total mass of treactiihe base mass of
the actuator when mounted on a panel also includes the wefigihe accelerometer sensor
which is about 2 grams. The mass of the impedance head betofotbe gauge is 2.2
grams and the B&K mounting stud has a mass of about 1.2 granessligit differences in
the base masses are assumed to be negligible for the purfgbsesiudy and no mass cor-
rection has been applied in the data post processing. Thaprishaker was driven with a
white noise signal in the frequency range from 0 Hz to 25600 He apparent mass of the
actuator base for different excitation levels was measaseithe transfer function between
the force and acceleration output of the impedance headhwias post-processed to yield

the actuator open loop base impedance.

Figure 4.6: Set-up for passive base impedance measureragpessive actuator b) equivalent base mass; c)
equivalent total mass.

The Bode diagram in Figure 4.7 shows the modulus and phase afpbn-loop actuator
base impedance of a representative control actuator favusaexcitation levels. Also the
measured impedances of the equivalent base and total lumassks are presented as ref-
erences. For low frequencies the magnitude and phase oaffedimpedance of the actuator

unit corresponds to that of the equivalent total lumped mé#se actuator. This is because
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below the actuator resonance the base and proof masses atttreor move in phase.
For high frequencies the actuator base impedance convergeat of the equivalent base
mass because the base and proof masses are effectivelyptetwell above the actuator

fundamental resonance.

In the transition region around and above the actuator foneddal resonance the open loop
actuator base impedance is controlled by internal dampikghas a considerable positive
real part. This indicates that in this frequency band theaor dissipates power from
the structure were it is mounted. The measured open loopitmgssiance of the actuator
indicate that in this transition region the response is inmogar and depends on the excitation
level. For low excitation levels the actuator base impedaroduces damping effects over
a wide frequency range up to 3000 Hz. As the excitation |lewetdases the transition
region between total mass and base mass behaviour shitisdewower frequencies, and

the transition occurs over a narrower frequency band.

As discussed in Section 4.1, each actuator has a differemtiainof internal damping, which
results in a high variance in the actuator responses in tarsition region. During the
experiments it was also found that the dynamic responseecdtuators in the damping-
controlled frequency region had a low reproducibility arati®d considerably when units
were tested again after remounting on the impedance heaftieomaaking minor adjust-

ments of the springs.

For frequencies above 5000 Hz the actuator base impedahd#te» series of two reso-
nance peaks and an anti-resonance dip. In this frequengg réme reference impedances
of two lumped masses both exhibit a distinct resonance wiiclue to the mass-spring-
damper system induced by the wax mounting and the corresgpnthss. A comparison
between the frequency response functions of these two ldm@asses and the actuator sug-
gests that the higher frequency resonance and anti-reseia@haviour of the actuator base
impedance is due to the wax mounting conditions which resuala two degree-of-freedom

resonant system.

Figure 4.8 shows the Nyquist plot of the open loop base impesa where Figure 4.8(a)
shows locus of the base impedance over the entire obsergdeincy range while Figure
4.8(b) magnifies the region around the origin. Over almostethtire observed frequency
range the locus of the actuator base impedance is realygosithis is also seen from the
phase in Figure 4.7, which lies betwe#£80°. Thus the open loop actuator resonant system

is unconditionally stable, as one would expected for a passistem.
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4.2.2 Closed loop base impedance

As for the measurement of the open loop base impedance\passuator response), in the
set-up for the measurement of the closed loop base imped@eciack control activated),
the actuator was mounted horizontally on a B&K type 8001 inapee head which was
rigidly coupled to an LDS 201 electrodynamic shaker. As showFigure 4.9, the feedback
control loop was installed by adding a PCB type A352C67 acosleter to the actuator
base. The PCB accelerometer signal was fed into a PCB type 4834i§6al conditioner
and then into channel 1 of the feedback controller, whichsig of an integrator and an
amplifier unit. The bonds between the actuator and the inmuedbhead and between the
actuator and the PCB accelerometer were realised using &agl@nof adhesive wax. This
set-up closely represents the control units when mounted panel except that, in the
control set-up, the accelerometer would be mounted in thee®f the actuator footprint

on the opposite side of the panel.

Figure 4.9: Set-up for active base impedance measurement.

The shaker was driven with a white noise signal in the frequeange from 0 Hz to 25600
Hz. The applied excitation level falls in the upper range xdigtion levels used in the
investigation of the open loop base impedance in Sectiod 4he apparent mass of the
control unit base is measured as the transfer function lestvilee force and acceleration
output of the impedance head and post-processed to yielcbtiteol unit open loop base
impedance. The mass of the impedance head below the forge gaunsducer, the mass
of the mounting stud and the mass of the control acceleronaelie to the base mass of
the actuator. For the purpose of this study, however, thexss raffects are assumed to be

negligible.

The Bode diagram in Figure 4.10 shows the magnitude and plhi&ise @pen and the closed
loop base impedance of a representative control unit fongeaf feedback control gains.
Also the measured impedances of the equivalent base ahtlitofzed masses are presented

as references. Considering first the magnitude of the bassdamge it can be seen that for
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frequencies below 10 Hz the actuator base response con@spmthat of the lumped total
mass of the actuator as before. For increasing feedback ganmpedance shows a dip
just below 20 Hz followed by a sharp rise at the actuator rasoe at about 25 Hz. Between
25 and 500 Hz the response for higher feedback gains isvaafiat. Above 500 Hz the
magnitude of the base response for all feedback gains aggwéowards the impedance of

the actuator base mass as before.

At frequencies above 5000 Hz, as discussed with respecetogdén loop base impedance
in Figure 4.7, the response of the control units is charsadiby resonance peaks and anti-
resonances troughs due to the mounting conditions. Adgiticesonances for the closed
loop actuator set-up are introduced by rocking motions @umass of the PCB control

accelerometer which is attached to the actuator asymrakyric

Focusing now on the phase, it can be seen that for frequelneiew 10 Hz the phase is 90
for all feedback gains, which corresponds to the impedahagyare mass. At about 20 Hz
the phase of the active base impedance changes rapidly.llfFeedback gains the phase
initially drops below 90. Around the actuator fundamental resonance, for low fegdba
gains, the phase then increases rapidly and then falls f@0bvior frequencies above 40
Hz. In contrast, for higher feedback gains the phase fudhmps rapidly by 360and falls
below -270 for frequencies above 40 Hz. Above 40 Hz the closed loop respof the
control units has a phase betweer 80d 0, i.e. -360 and -270, which indicates that the
control unit base impedance has a considerable positivpaeaand behaves like a damper.
With further increase in frequency the phase of the contndl nesponse converges to°90
or -270, which indicates an increasingly mass-like behaviour. ighbr frequencies phase

changes occur due to the mounting resonance and anti-resmhahaviour.

The locus of the closed loop control unit base impedanceysho the Nyquist plots in
Figure 4.11 is positive real for all frequencies except éh@®ound the actuator fundamental
resonance in the frequency range between about 20 Hz and. 40 tis frequency band the
locus for the closed loop base impedances form a circle itethbalf-plane of the Nyquist
plots. This indicates that the closed loop control unitatgepower into the structure, it
is mounted to, rather than absorbing power from it. The bie@awaround the actuator
fundamental resonance indicates that the feedback lo@psrdy conditionally stable up
to a maximal feedback gain. The maximal feedback gain thataguees stability for the
feedback loop also depends on the impedance of the stradhee the control units are

mounted to.
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4.2.3 Sensor-actuator open loop response function

During the experimental study on the closed loop base impmsaf the control units only

relatively small feedback gains could be applied beforectiv@rol loops became unstable.
In order to investigate the stability of the feedback cantiaits the open-loop frequency
response function (OL-FRF) between the input to the contoakd that drives the corre-

sponding actuator and the control accelerometer outpuidms investigated. The principal
set-up is the same as that shown in Figure 4.9 except thdtifomeasurement the primary
shaker is passive and it is only the control actuator thatedrthe system. To guarantee

stability the OL-FRF must not encircle the Nyquist instdpipoint at (-1,0) [13].

Figure 4.12 shows the OL-FRF for the feedback control unit med on the shaker as
shown in Figure 4.9. At about 30 Hz the magnitude of the OL-FRFgure 4.12(a) shows
a single repose maxima this indicates that both the contntlamnd the shaker fundamen-
tal resonances are in close proximity and that both are lyedamped. An analysis of
the shaker dynamic response showed that the fundamentalarese of the shaker with
mounted impedance head and total actuator mass is 30 Hz. deéadngi the impedance

head and actuator base mass this increases to 35 Hz.

The close proximity of the control actuator and shaker rasoa peaks results in a high
magnitude of the OL-FRF around the actuator fundamentaheesme frequency. This pro-
duces a large circle in the left half-plane of the Nyquisttpbthe OL-FRF, shown in
Figure 4.12(b). This sets a stringent limit for the appliedieedback gain. Also at frequen-
cies above 3000 Hz the phase of the OL-FRF tends to fall beld® ;5vhich results in
low magnitude circles on the left half-plane of the Nyquikdtp This effect is assumed to
be caused by out of phase motion of the actuator base and PG@BIcaccelerometer as
an result of mounting resonances, which further limits ttadbitity of the feedback loop,
although in practise the relatively low magnitude of thesgpk implies they are unlikely to

be critical.
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Figure 4.12: Bode (a) and Nyquist (b) plots of the OL-FRF fdback control unit mounted on a shaker.

In this experimental set-up the control accelerometerrisctly attached to the base of the
actuator. For the implementation on the panels, the acgwiatad control accelerometers
are separately mounted on the source and receiving sidas painel. This may introduce
additional dynamic effects at higher frequencies, esfigdiar a sandwich panel, which

are not considered in this experimental set-up. Howevedississed in Chapter 5, it is
found that similar mounting resonance effects arise whiodgpce high frequency spill-over
effects and also impose high frequency stability limitstfoe control units when mounted

on two test panels.

An uncertain factor in the measured OL-FRF is the differerste/ben the outputimpedance
of the accelerometer signal conditioner and the output dapee of the analyser signal
generator. This may have an effect on the output currentnpert voltage of the controller
board. This has so far been assumed to be a minor issue bid iedurther investigated to

yield a better understanding of the dynamic interactionliaglactric circuits in the control

loop.
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4.3 Physical interpretation of the control unit response

This section presents the results of simulation studiesheropen and closed loop con-
trol unit base impedance for the cases of current and veldaigen actuators considering
both ideal and practical controller frequency responsetfans (FRF). The study aims to
give a physical interpretation of the control units closedp base impedance which was
determined experimentally in Section 4.2.2. Considerimgltimped parameter model de-
picted in Figure 4.4, the closed loop base impedance of aaamtit with current-driven

electrodynamic proof-mass actuator is given by

L 2 Z
Za] = Zs + Zm1 — % + Cg\IJ 1 —_ == s (43)
Zimy + Zs Ly + Zs

wherey is the applied feedback gai@ is the gain-normalised controller FRF, afds the
voice coil coefficient. AlsaZ, = ¢, + k,/(jw) , Zm, = jwmy andZ,,, = jwm, are the
actuator suspension, base mass and proof mass impedaruefer@s The corresponding
formulation for the base impedance of a closed loop vol@gesn electrodynamic proof-

mass actuator is given by

N\

ay

N 2
\112 ~ d \1,2
N N W2 <Z3+~—> U Z,+ X
G4 e\ Z) G, T — ], @44
Z T+ 2+ 2

whereZ, = R, + jwL, is the electrical impedance of the voice coil. The paransaised

to model the actuators were summarised in Table 4.1. Thgze®sions are derived in

Appendix C.
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4.3.1 Ideal controller response

Considering first the results for a frequency-independentrotler FRF with unit gain,
Figures 4.13 and 4.14 show the Bode and Nyquist plots of thdigieel open and closed
loop base impedance for a current-driven actuator withldaekl gainsy between 0.1 and
250. Comparison with Figures 4.10 and 4.11 shows a generadlg ggreement with the
measured base impedance response functions. Howeverfoeug@gh feedback gains the
predicted impedance functions do not exhibit the°3@i@ase shift around the actuator fun-
damental resonance. Also, for frequencies below the amtiamdamental resonance, the
predicted impedance functions show an increase in magniéund a positive phase shift
of up to 90 relative to the passive system, which is not observed in thasored base

impedances.

Figures 4.15 and 4.16 show the Bode and Nyquist plots of théiqgiesl closed loop base
impedances for a voltage-driven actuator with feedbackggbetween 0.1 and 250. These
results are quite similar to the results for a current-drigetuator. As discussed in Section
4.1, the actuator blocked force for 1 A input current is higtian the blocked force for 1
V input voltage. Also, above the actuator fundamental rasog, the magnitude and phase
of the control force per unit current is constant with fregeye while the magnitude and
phase of the control force per unit voltage drops with insieg frequency because of the
frequency-dependent electrical impedance of the voide El@nce, for the same feedback
gain the magnitude of the base impedance of the control uttitweltage-driven actuator
tends to be lower than that for the control unit with curreattrolled actuator. Also, above
the actuator fundamental resonance the magnitude and phthgcbase impedance for con-
trol units with voltage-driven actuators falls with ince#ag frequency. For high feedback
gains, the phase of the base impedance for the control uhivveitage-driven actuator falls
below0° and in the frequency range between 1000 and 2000 Hz the mdgruof the closed
loop base impedance drops below that of the actuator base Fashigher frequencies the
closed loop control unit base impedance converges towhedsrtpedance of the actuator

base mass which increases in proportiowto
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4.3.2 Practical controller response

A practical feedback controller does not exhibit an idedl filaquency response, which
therefore affects the spectrum of the resulting closed loage impedance of the control
unit. Each channel of the practical controller used in theeexnental studies presented
in Chapter 5, Section 5.3, consists of an integrator and adifenmunit with analogue

electronic circuits.

Measurements of the frequency response function of theatartboards showed that the
integrator circuit can be readily modelled as the combamatf a second order high pass
filter for DC decoupling and a first order low pass filter whialpiements integration. To
replicate the measured frequency responses both filtensadelled with a corner frequency
of 14.5 Hz. The amplifier FRF was found to have the characiesisf a first order band-
pass filter and has been modelled with upper and lower caraguéncies of 5 Hz and 9000

Hz respectively.

Figure 4.17 shows the predicted magnitude and phase of theotler FRF, where the
dashed line represents the resulting FRF arising from a aaatibn of integrator and am-
plifier FRFs and the solid line represents the same contr@gronse function corrected by
an ideal integration term. The corrected controller FRFes@nts the controller response
with respect to an ideal velocity sensor as assumed in timeufations for the closed loop

control unit base impedances in Equations (4.3) and (4.4).
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Figure 4.17: Controller frequency response function; aslémented in the electric circuitddshed) and
corrected by an ideal integration terso{id).
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It should be noted that this model does not consider the nsgpoharacteristics of the
accelerometer sensor, which at high frequencies is clersetl by a sharp peak around the
accelerometer internal resonance. This resonance octuesyahigh frequencies where
the closed loop base impedance of the actuator is domingtéukelpassive impedance of
the actuator base mass and mounting resonance effectsthérefore assumed that the
accelerometer output signal is ideally flat in the frequenayge over which the response of

the control units could become unstable.

Figures 4.18 and 4.19 show the predicted closed loop basedamge for a current-driven
actuator with feedback gains between 0.1 and 250, consgl#re practical controller FRF
shown in Figure 4.17. Comparison with the measured closqubb@se impedance in Fig-
ures 4.10 and 4.11 shows a very good general agreement etnesesured and predicted

results.

Around 20 Hz the predicted base impedance of the controlwithit practical controller

FRF captures the 386@hase shift and the corresponding dip in magnitude of thedapce,

which is observed in the measured results in Figure 4.1 gimse shift is due to the rapid
change in phase of the controller FRF which results from thelioed responses of the
integrator and amplifier FRF functions. Well below the aaudtindamental resonance,
in contrast to the base impedance with the flat controller FiRRFositive phase change is
predicted while the increase in magnitude is more graduak i§ due to the third order low
pass filer characteristics of the controller FRF at very loggérencies. For high frequen-
cies, the closed loop base impedance tends to decreastyshigth increasing frequency

which is due to the low pass filter characteristics of the wdler FRF which has a corner

frequency of 9000 Hz.

Figures 4.20 and 4.21 show the predicted closed loop basediamge for a voltage-driven
control unit with feedback gains between 0.1 and 250 conisigehe practical controller
FRF shown in Figure 4.17. As for the predicted impedances id#hl flat controller re-
sponse, the base impedance for voltage and current comteosignilar results. However,
the results in the Nyquist diagram in Figure 4.21(a) inagidhat for frequencies above 2000
Hz, for high feedback gains the locus of the base impedangeaies into the left half plane,
i.e. the phase of the base impedance for voltage-contes gghtly above -270 This re-
sults in a base impedance with a small negative real parthwhiticates the possibility of

control instability and control spillover problems at higaquencies.
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The controller integrator circuit is assumed to act as aagatsource with infinite input
impedance and zero output impedance. The controller asptificuit is assumed to act as
a current source with infinite input impedance and infinitgpatimpedance. However from
this present study it is not completely clear how close thieacontroller circuits resemble
the ideal input and output impedances. The controller thezanay not enforce an ideal
current signal on the actuator voice coil. Further studesikl be conducted to understand

more fully the interaction between all electrical circuitgolved in the control system.

4.4 Summary

In this chapter the results from experimental and simufesimdies on the open and closed
loop response of control units with electrodynamic pro@sshactuators and accelerometer-
sensor pairs has been presented. In contrast to previokstihase experimental and sim-

ulation studies characterise the control units in termshefdpen and closed loop base

impedances they exert on panels onto which they are mounted.

e Section 4.1 presented experimental and simulation stuatiethe actuator blocked

force frequency response function.

— The blocked response of the five actuators are similar iroiverd and upper lim-
its of the observed frequency range. Around the actuatatdomrental resonance
frequency the response of the actuators is dominated byaitéamping, which
differs between the units. However the actuators can becmirftly represented

by a mean response averaged over all actuators.

— The blocked force of proof-mass electrodynamic actuatansbe readily mod-
elled using a basic electromechanical model with emplsicagtimated input
parameters. However, for frequencies above 5000 Hz th@msspof the actu-
ators is characterised by mounting resonance effects verilmot captured in

the electromechanical model.

e Section 4.2 presented experimental studies on the open lasédcloop base

impedance of a representative control unit.

— At low frequencies the base impedance of the actuator qures to the
impedance of the total actuator mass while at high freq@snticonverges to

the impedance of the actuator base mass. In the transitionréhe open loop
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response of the actuators is non-linear and depends on $keskeitation level.

— The closed loop control unit base impedance shows the samnand high fre-
guency characteristics as in the open loop case. In thatiangegion, around
and above the actuator fundamental resonance frequercyesponse of the
control unit is dominated by the feedback force generatetthéwactuator voice

coil.

— Around the actuator fundamental resonance, the controlbhase impedance
has a negative real part which indicates a negative damiiect.eThis results

in conditional stability of the closed feedback loop.

e Section 4.3 presented simulation studies on the closedbasp impedance of the
control units in such a way as to give physical interpretatibthe measured control

unit responses.

— The simulated base impedance with ideal controller FRF slaayeserally good
agreement but fails to capture some of the characteristatsate apparent in the

measured responses.

— The simulated base impedance with practical controller FRks a good agree-
ment with the measured base impedance and captures alhsespbaracteris-

tics apparent in the measured control unit responses.

— For frequencies well below the actuator fundamental resoaéhe control unit
base impedance corresponds to that of the total actuata. rras frequencies
around actuator resonance the combined response chaticteasf the actuator
dynamics and the controller frequency response functisaltrén a dip in the
magnitude of the control unit base impedance. For low fegklains this hap-
pens alongside an increase in phase by up tof®0 higher feedback gains the
phase shifts by -360 For very high feedback gains the simulation studies in-
dicate that this phase shift occurs within an increasinglyow frequency band
and the dip in the magnitude of the base impedance disapgearscreasing
frequency the magnitude of the base impedance forms a platebthe phase is
between 90and 0 or -270 and -360. This indicates that the closed loop con-
trol units produce considerable active damping effectst High frequencies,
for high feedback gains, the phase of the base impedance delpw -360,

which is due to the low pass filter cut-off of the control ur@sponse. At very
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high frequencies, for all feedback gains, the base impexahthe closed loop

control units converges to that of the actuator base mass.

The basic electromechanical model with controller FRF fiamateadily describes the closed
loop control unit base impedance in the frequency rangetefest. It can therefore be used
to investigate new designs of both electro-mechanicalaaatiand electrical controller in

order to optimise the stability and control performanceperties. For example future stud-
ies could investigate the implementation of an analogus@hampensator in the controller
FRF which would increase the stability of the control unitdieack loops when mounted

on flexible panels.

Resonance effects due to the actuator and sensor mountidgions are not captured by
the current model. An extended model should capture thesptaudegree of freedom

resonance effects to characterise the control unit regpatrisigher frequencies.

The open loop response of the actuators has been found torkbknear. Further studies
could investigate the closed loop control unit responsddarbase excitation levels and
non-flat excitation spectra. However, the effort to measiugse responses and to implement
non-linearity in the electrodynamic response model mayifgrdportionate to the benefits
since the non-linear characteristics of the response 1sspdcific to the prototype actuator

design investigated in this study.

The following chapter presents the results from experialestidies on the control stability
and performance of the system with five decentralised cbatrits mounted on a homo-
geneous aluminium panel and a lightweight honeycomb saitdpanel. Also the results
from simulation studies on the control stability and periance are presented where the
feedback control loops are modelled using the expressmmeaintrol units with current-

controlled actuators from Equation (4.3).
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Chapter 5

Simulation and experimental studies of

practical control set-ups

This chapter presents the results of experimental and atroolwork on a thin aluminium
panel and a honeycomb sandwich panel with decentralisegdit)efeedback control. The
control system consists of five decentralised control umits proof-mass electrodynamic

actuator - accelerometer sensor pairs as described in CHapte

Both the experimental and simulation studies consider th&alstability and performance
in terms of panel kinetic energy and far field radiated sounagr of the two panels. In
the experimental study the panels are either excited meaignby a shaker or by the
acoustic field produced by a loudspeaker. In the simulatiodysthese two excitations are
modelled as a point force excitation and an acoustic plane wacitation. The response
of the two panels to stochastic acoustic diffuse field (ADRY #&urbulent boundary layer

(TBL) disturbances is also simulated but not investigatgzbexentally.

The aluminium panel considered in this study is shown in Fedul(a). The panelis 1.6
mm thick and modelled as a thin homogeneous panel using the s®terial properties as

for the aluminium panel considered in the simulation steidieChapter 3.

The honeycomb test panel considered in this chapter is showigure 5.1(b). In contrast
to the honeycomb panel considered in the theoretical studi€hapter 3 this panel has a
similar mass per unit area to the aluminium test panel but ehnimigher static stiffness.
Moreover, both panels have larger dimensions than the panabkidered in Chapter 3. The
decision to use a stiffer honeycomb panel was mainly basdtieavailability of the test

specimen. Nevertheless, itis believed that the honeycesilpanel more closely represents
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lightweight sandwich panels that could be used in the coottm of transportation vehi-
cles. Also the frequency range for the studies in this chidgzte been restricted to 6400 Hz,

which represents the frequency range of interest for meésstior noise control applications.

a)

Figure 5.1: Thin homogeneous aluminium test panel (a) afidightweight honeycomb sandwich test panel

(b).

This chapter is organized in three main sections:

e Section 5.1 discusses the dynamic characteristics of tagamels. In particular the
implication of frequency dependent anisotropic behavauthe response of the stiff
lightweight honeycomb panel is discussed with respect Yahi@ wavenumbers of
propagating waves, (b) the modal density, (c) the modallapgactor and (d) both

excitation and radiation coincidence effects.

e Section 5.2 presents simulation studies on the implementat a practical control
system with decentralised feedback control units usingteldynamic proof-mass
actuators as described in Chapter 4. The model parametech@sen to replicate
approximately the experimental set-ups with the aluminamd honeycomb panels.
The control performance and stability of the decentralismatrol system is assessed
for both panels. The control performance is analysed indesfrthe time-averaged
total kinetic energy and total sound power radiated by threefydior excitation by (a)

a point force, (b) an acoustic plane wave.

e Section 5.3 presents measurements on the two panels witbotrbl units and with
open and closed loop feedback control units. These areedatit in a sound trans-
mission suite facility. The control performance and stabproperties of the decen-
tralised control system are assessed for both panels. Algloig case the control
performances are analysed in terms of the-time averagaldkioetic energy and total

sound power radiated by the panels when subjected to meethaxicitation via an
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electrodynamic shaker and an acoustic field generated byuaisppeaker. With these

experiments the simulation results in Section 5.2 can hdatad.
In addition

e Appendix D provides background information on the expentakstudies for the

estimation of the structural parameters of the anisotrbpieeycomb test panel, and

e Appendix E provides further details on the sound transmiissiuite facility and the

experimental set-ups.

5.1 Test panel characteristics

This section discusses the dynamic characteristics of Itihmigium and the honeycomb
test panels. First the panel models are introduced. As in€h&pthe specific dynamic
characteristics of the two panels are then discussed wstiect to (a) the wavenumbers of
propagating transverse waves, (b) the modal density, é&htbdal overlap factor and (d)

both excitation and radiation coincidence effects.

5.1.1 Panel models

This subsection introduces the dynamic models considenethé modelling of the thin

homogeneous and the lightweight honeycomb sandwich testipased in the simulation
studies of this chapter. The honeycomb sandwich paneljdenesl in this chapter, has a
significantly higher static stiffness than the homogenedusiinium panel. However, both

panels have a very similar mass per unit area.

Aluminium test panel: As in Chapter 3, the aluminium test panel has been modelled as a
thin homogeneous and isotropic plate. In order to repliapfgoximately the experimental
set-up, itis assumed that all edges are subjected to clabmqettiary conditions. The panel
dimensions are chosen 8s477 mm and,=381 mm. This replicates the inner dimensions
of the test frame, which is specified in Appendix E. The foratiohs given in References
[47, 48] are used to express the natural frequencies andshages for a clamped panel.
These are summarised in Appendix A. The dimensions, cres#a geometry and material

properties of the aluminium test panel are summarised ifeTak.
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Table 5.1: Geometry and physical parameters of the aluminéast panel.

Parameter Symbol Value Unit
z-dimension l, 477 mm
y-dimension L, 381 mm
Thickness h 1.6 mm
Mass density p 2720 kg nT3
Young's modulus E 70 GPa
Poisson’s ratio v 0.33 -
Modal loss factor n 0.02 -

Honeycomb sandwich test panel: For practical sandwich panels the transverse dynamic
stiffness is often anisotropic with respect to theand y-axes [61]. The most sensitive
structural parameters for an accurate modelling are th@®Bplane shear modulus of the
sandwich coré?, andG), [62]. In contrast to the model used in Chapter 3, the frequency
dependent transverse stiffness of the honeycomb sandwiwdl s therefore modelled in-
dependently in the- andy-directions using the formulations in Equations (3.3) t&}®).

The anisotropic behaviour of the honeycomb panel is modeigng a formulation given

by Blevins [63], where the natural frequencies are expressidthe formula:

2 Gm\* G \* 200 + 20(Hm Hy, — I,
W = — \/Dx <m> D, (”) 4 Zomdn F V(g B o /DiD,.  (5.)
vy

In the above equation, the parametéts.J and H depend on the mode order inand
y-directions, denoted by: andn respectively, and the boundary conditions [47, 48] (see
Appendix A). The parameter is adjusted to give good agreement between predicted and
measured natural frequency for the [rocking, rocking] motlthe panel when it is freely

suspended [61].

As in the simulation studies in Chapter 3, the modeshapesim-thandy-directions are
considered to be those of an equivalent thin homogeneous Wwéh pinned boundary con-
ditions, which gave the best agreement with the measurgubmess of the honeycomb
panel mounted in the test frame [see Appendix E, SectiorRE.Eor a sandwich panel
the bending stiffnessed, and D, are frequency-dependent and need to be evaluated at
w = wmn- A Regular-Falsi root search algorithm [49] is employed toneste the panel

natural frequencies that satisfy the relationship
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The honeycomb sandwich panel considered in this study dsagptwo face plates which
are made from three plies of carbon reinforced resin. Theplates are bound to the
core honeycomb structure, which is made from fibreglasdasied Phenolic Honeycomb
(HRP) with a cell size of 3/8 inch.

The principal structural parameters of the panel wherenaséid in an experimental study
when the panel was freely suspended in a test frame. A shakeatiached force gauge
was used to excite the panel at a corner location. A lasepwibter was used to mea-
sure the panel point mobility and a 24x18 uniform grid of darensfer mobilities. The
test panel response along theandy-axis was analysed by identifying isolated beam-like
modes from the grid of measured transfer mobilities. Ths® glave the specific sequence
of panel modes. Knowledge of the panel geometry, manufactuaterial specifications,
experimental natural frequencies and modes allowed to @éhanpeters to be determined

using the anisotropic sandwich panel model described above

The simulated response for a panel with all sides free gawd ggreement with the mea-
sured structural response of the honeycomb panel in thena@zsé&equency range up to
5000 Hz. Further details on the panel model and the expetahstudies on the freely sup-
ported honeycomb panel are provided in Appendix D. The esestion geometry and the
material parameters used to model the honeycomb panelmmaaised in Table 5.2. The

panel dimensions are the same as those of the aluminium gEeafied in Table 5.1.
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Table 5.2: Cross-section geometry and physical parametetise honeycomb sandwich test panel.

Parameter Symbol Value Unit
z-dimension l, a477 mm
y-dimension L, 381 mm
Thickness of face plate hy 0.86 mm
Core depth d 23.09 mm
Mass density face plates pr 1250 kg n13
Mass density core Pe 96 kg nT3
Panel mass per unit area m” 4.28 kg n2
Young’s modulus face-platesaxis F, 48 GPa
Young's modulus face-platesaxis E, 43 GPa
Shear modulus core-axis Gy 82 MPa
Shear modulus corg-axis Gy 155 MPa
Poisson’s ratio face plates vy 0.33 -
Poisson’s ratio sandwich plate v 0 -
Loss factor n 0.015 -
Anisotropic factor o) 0.035 —

tm" = 2hsps +(d—hy)pe

5.1.2 Wavenumbers

Figure 5.2 shows the spectra of the propagating bending wanbkers of the aluminium
panel and the propagating transverse wavenumbers of theyt@mb panel in the- and
y-direction. Figure 5.2 also shows the spectra of the acouwstvenumber in air and the
convective wavenumber for the TBL disturbance, with the peeters specified in Table 2.3.
Note that in contrast to Figure 3.3 the results circles andszs do not indicate wavenumber

components of structural modes but only indicate the nbfttequencies.

At low frequencies the wavenumbers of the honeycomb pamretiaminated by the high
bending stiffness of the sandwich cross-section and areehenich lower than that of the
aluminium panel. At frequencies above 1000 Hz the transv&tiifness of the honeycomb
panel is increasingly shear-controlled and the wavenuimnitérs region converges towards
ks = w(m”/Gd)"? [19].

The acoustic critical frequency, where the acoustic wangtle equals the transverse wave-
length of the panels, occurs at about 400 Hz for the honeyquaniel and at 7540 Hz for
the aluminium panel. Assuming the TBL excitation with thegraeters defined in Table
2.3, the convective coincidence occurs at about 56 Hz fohtmeycomb panel (thus at
very low audio frequency) and at about 1170 Hz for the aluammpanel (thus at mid audio

frequency).
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The squares and circles mark the resonance frequencies pétiels, which are estimated
from the models described in Section 5.1.1. The fundameasainance of the clamped
aluminium panel occurs at 82 Hz, thus below the acousticooxd@mce. Therefore there are
many structural modes which do not radiate sound efficieantly which are also not effi-
ciently excited by acoustic fields [19]. The predicted fuméatal frequency of the honey-
comb panel is 579 Hz and hence above the acoustic coincid&has all structural modes
of the honeycomb panel are efficient radiators of sound a@@lao efficiently excited by

acoustic fields.

As discussed in Chapter 3, the response of a finite panel deperttie specific dimensions
and boundary conditions (i.e. the specific natural fregigsnof resonant modes) in rela-
tion to the excitation and radiation coincidence wavenumbgherefore all dimensions and
boundary conditions are important for the prediction ofriaerow band sound transmission
through a finite panel. For example, a honeycomb panel witiefadimensions than the
panel considered here, may have resonant modes at freqadaatow the acoustic critical
frequency these would be characterised by lower excitatnohradiation efficiencies. How-
ever such a panel would also have a higher number of strichades per unit frequency
bandwidth. It is therefore possible that specific modes re#lonate around coincidence,
which may result in high excitation sensitivity and radatiefficiency in that frequency

band, depending on where exactly these modes are.
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Figure 5.2: Predicted dispersion curves of the propagatamgverse wavenumber and resonant frequencies of
the aluminium and honeycomb test panels (see legend in )gi@giustic wavenumber in aif ¢int — dashed)
and convective wavenumbefdint — dash — dotted).
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5.1.3 Modal density and modal overlap

As discussed in Chapter 3 the modal density of the thin alwmrpanel is constant with
frequency as, shown in Figure 5.3(a). Due to the higher pandgace area, the modal
density of the aluminium test panel is 0.0362 [per Hz] anddfoge 2.66 times higher than
that of the aluminium panel considered in the simulatiomigtsi in Chapter 3. As for the
smaller panel, there is a good general agreement but higdioudy between the statistical
modal density calculated from Equation (3.8) and the smedénsity of resonant modes

along the frequency axis.

As for the sandwich panel considered in Chapter 3, the moddityeof the honeycomb
test panel, shown in Figure 5.3(b) is frequency-dependedtiacreases with frequency.
This is because above 1000 Hz the response of the honeycambipancreasingly shear
controlled. However, the modal density of the honeycomlepesmains below that of the
aluminium panel over the entire observed frequency rangedssn 0 and 6400 Hz. There
is a good agreement between the modal densities estimatadsguations (3.9) and (3.10)
and the specific density of resonant modes along the freguexis. It should be noted
that the modal densities of the honeycomb panel were cadollssing equivalent isotropic
Young's and Shear modully = \/E, E, andG = /G,G, respectively.

() (b)
10° ‘ ‘ ‘ ‘ ‘ ‘ 10° : : :

Modal density 1/Hz

10 10
1000 2000 3000 4000 5000 6000 1000 2000 3000 4000 5000 6000
Frequency [Hz] Frequency [Hz]

Figure 5.3: Modal density for (a) the thin homogeneous ahiunn panel and (b) the honeycomb sandwich
panel. Modal densitysplid line), asymptotic limits for sandwich panefdint — dashed lines) and specific
density of resonant panel mode®{ted line with circles).
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The modal overlap factor of the two panels is shown in Figude Bhe modal overlap factor
for the aluminium panel exceeds unity for frequencies ald@80 Hz. At low frequencies,
the modal overlap factor for the honeycomb panel is muchidian that of the aluminium
panel and only exceeds unity for frequencies above 6290 Hzhw at the upper end of

the observed frequency range.
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Figure 5.4: Modal overlap factor for the thin homogeneouwsrahium panel §olid) and for the honeycomb
sandwich paneldashed).

5.2 Simulation studies on decentralised velocity feedback

AVC with practical control units

This Section presents simulation results for the stalalitgt control performance of a control
system with five decentralised velocity feedback loops,resve in Figure 5.5(a), when
installed on the thin aluminium and honeycomb sandwich lsangoduced in Section 5.1.
The panel response and far field radiated sound power due dmafprce excitation and
an acoustic plane wave (APW) excitation with45’ are estimated using the elemental

approach as described in Chapter 2.

As indicated in the block diagram in Figure 5.5(b), the cohivops are modelled in terms
of the open or closed loop base impedafizevhich is applied to the structure where the
control units are mounted. First the model parameters aeifsgd and then the results of
the simulation studies for the two panels are compared w#pect to control stability and

performance.
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Figure 5.5: (a) Schematic view of the five channel decesgdlvelocity feedback control system mounted on
the panels and (b) corresponding block diagram.

5.2.1 Model parameters

The two panels are modelled using the parameters specifiddtion 5.1. As discussed
before, the simulations have been carried out assumingitbaiuminium panel is clamped
on all edges and the honeycomb sandwich panel is pinned edgls. As shown in Figure
5.6, the element grid was chosen to consist of 20 elementg #hez-axis and 16 elements
along they-axis of the panels. This resembles the measurement gritiédaser vibrom-
eter scans in the experimental studies presented in SeézBonThis grid density satisfies
a spatial resolution of at least two elements per transweeselength on the panels at the
highest frequency of interest, which is 6400 Hz. Simulatiwanth a higher element resolu-
tion showed that the chosen grid yields reliable results aihegligible overestimation of

the spectra at the upper end of the observed frequency range.

In this study modes with natural frequency up to five timesdhserved frequency range
were considerd in the model of the panels, where modes upde the observed frequency
range (up to 12.4 kHz) were considered as dynamic modes hgthgtiffness damping and
mass parts and modes between twice and five times the obsezgeéncy (up to 32 kHz)
were considered as residual modes with stiffness and danppirts only (see Appendix A).
For the aluminium panel a total of 1097 modes were includetiénmodel, 427 dynamic
and 670 residual. For the honeycomb panel a total of 955 meedesincluded in the model,

165 dynamic and 790 residual.
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As shown in Figure 5.6, one of the five control loops is placetié centre of the panel while
the other four are arranged symmetrically on the panel dialgo The exact locations of the
control loops and the position of the primary point force igt®n are shown in Figure
5.6 and specified in Table 5.3. The control loops are impleeteim terms of the open or
closed loop base impedances of the control units, which @vkeal to the structure where
the control units are mounted. As indicated in the block @iagin Figure 5.5, the diagonal
matrix of base impedancés, replaces the feedback gain matiik in the formulations
given in Chapter 2. The impedance formulations that desthibeesponse of the feedback
loops are those for voltage and current-driven controlsumith proof-mass electrodynamic
actuator and practical feedback controller FRF as specifi€kction 4.3. In this study a

uniform feedback gain is considered, i.e. the same gaingbeapto all five feedback loops.

Table 5.3: Control point (CP) coordinates and primary estwh (PE) location on the test panels.

PE CP1 CP2 CP3 CP4 CPS

~[mm] 101 347 347 130 130 2385
y[mm] 240 277 104 104 277 1905

0 S o
- -+
& o
> . .
X—axis

Figure 5.6: Sketch of panel with element grid, control peitircles) and primary excitation location
(diamond).
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5.2.2 Stability analysis
Open loop frequency response functions

In order to analyse the stability of the control system, tperoloop frequency response
functions (OL-FRFs) of the control system are calculated@gdency range between 10
Hz and 25600 Hz. In order to assess the stability of the iddai feedback loops, the OL-
FRFsH,,, Hy, Hss, Hy, and Hs; of the five feedback loops are analysed. The OL-FRFs

functions for control units with current-driven controlitghare given by

) .
_ e CW (1 - zmﬂs)

(5.3)

wherey is the applied feedback gai@, is the gain-normalised controller FRF, awds the
voice coil coefficient. AlsaZ, = ¢, + k,/(jw) , Zm, = jwm, andZ,,, = jwm, are the
actuator suspension, base mass and proof mass impedarzefer@s The corresponding
formulation for the OL-FRFs functions for control units witbltage-driven control units

are given by

(5.4)

Ui — : ,
1+Y, (ZﬁmeL“f—Q—M)

whereZ, = R, + jwL. is the electrical impedance of the voice coil. The paransaised
to model the actuators were summarised in Table 4.1. Thgzessions are derived in
Appendix C. To guarantee stability for an individual contiabp, the OL-FRF must not
encircle the Nyquist stability point at (-1;0[13].

Aluminium panel: Figures 5.7 and 5.8 show (a) the Bode diagrams and (b) Nydoist p
of the OL-FRFsH,, to Hx; for the feedback control loops on the aluminium panel. Fegur
5.7 corresponds to current control and Figure 5.8 to voltaggrol. Only two curves are
visible in each plot because the control positions 1, 2, 34ade located symmetrically

with respect to the centre of the panel, and therefore ydddtical simulation results.

Considering first the case of current driven control actsator~igure 5.7, it can be seen

that the control loops are only conditionally stable dueh presence of circles in the left
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half-plane. The gain margins for the control loops are kahiby the 180 phase shift which
is due to the actuator fundamental resonance in combinatithnthe FRF of the feedback
controller. At low frequencies this produces a circle onléiehalf-plane of the Nyquist plot
so that the feedback loops would become unstable when tdedek gains are increased

beyond the stable gain margin.

Even if small control gains that guarantee stability arelemgnted, the part of the OL-
FRFs that falls within the unit circle around the Nyquist digbpoint at (-1,0;) results in
an enhancement of the structural response in that frequeanay. This effect is known as

low frequency control spillover [13, 19].

For frequencies above the actuator resonance frequerasirttes of the OL-FRFs migrate
into the right half-plane quadrants of the Nyquist plot. Simdicates that, for frequencies
well above the fundamental resonance frequency of the @axcidlae velocity feedback loops
reduce the structural response of the panel by means oéatdivping. The magnitudes of
the circles indicate how efficiently the response of thecstm@al modes is attenuated at the

corresponding resonance frequencies.

At very high frequencies the circles of the OL-FRFs migratekbato the left half-plane
of the Nyquist plot. In this frequency range the magnitudethe OL-FRFs are very small
compared with that of the low frequency circle due to the atciufundamental resonance;
hence these parts of the OL-FRFs do not pose stability linGtmtrol spillover effects in
this high frequency band occur, although they are of smalfigplitude than that around the

fundamental resonance of the actuator.

For the case of voltage-driven control actuators in Figu8e the feedback loops are also
only conditionally stable. As discussed above, the gaingmarfor the control loops are
limited by the 180 phase shift around the actuator fundamental resonanceBddhe dia-
gram in Figure 5.8(a) shows that compared with the currentrolled feedback loops, the
resonant peak around the actuator fundamental resonaugeeficy is more highly damped
due to the back electromotive force (back f) effect. At very high frequencies the phase
and magnitude of the OL-FRFs roll off at a higher rate thanehafghe current-controlled
feedback loops shown in Figure 5.7. Therefore the circleh®fOL-FRFs migrate more
rapidly back into the left half-plane of the Nyquist plot amdiltiple loops of the OL-FRFs
cross the negative real axis in the frequency range betwe@d &nd 4000 Hz.

107



The differences between voltage- and current-driven obatrits can be readily explained
by the differences between the blocked force spectra faéaget and current-driven control
actuators, as discussed in Section 4.1. The blocked foomkiped by the control actors for

1 V input voltage is considerably lower than that for 1 A inputrent.
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Figure 5.7: Simulated OL-FRFs of tteairrent-controlled feedback loops on tleduminium panel. Thick
solid lines in the Nyquist plot mark the FRFs in the frequeranyge from 0 Hz to 100 Hz and thédshed)
line marks the unit circle around the Nyquist stability goin
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Honeycomb panel: Figures 5.9 and 5.10 show (a) the Bode diagram and (b) the Blyqui
plots of the OL-FRFdT,; to H;; for the feedback control loops on the honeycomb panel.
Considering first the case of current-driven control actisaio Figure 5.9, it can be seen
that the OL-FRFs of the feedback loops on the honeycomb phoel the same 18(phase
shift around the actuator fundamental resonance frequamdyhe resulting low frequency
circle in the left half-plane of the Nyquist plot. Howevegropared with the OL-FRFs
of the feedback loops on the aluminium panel in Figure 5.ghis frequency range the
magnitudes of the OL-FRFs of the feedback loops on honeycanbl@re very low and
hence allow for high gain margins. This is because the finsepanode is much higher in
frequency than the actuator resonance.
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Figure 5.9: Simulated OL-FRFs of tlwairrent-controlled feedback loops on th@neycombpanel. Thick
solid lines in the Nyquist plot mark the FRFs in the frequeraryge from 0 Hz to 2000 Hz and thédashed)
line marks the unit circle around the Nyquist stability goin
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For the case of voltage-driven control actuators in Figul 5the resonant peak around
the actuator fundamental resonance frequency is moreyhiigimhped due to the back elec-
tromotive force (backm f) effect. At very high frequencies the Bode diagram in Figure
5.10(a) shows that the phase and magnitude of the OL-FRFseff@t a more rapid rate
than that of the current-controlled feedback loops. Tlweethe circles of the OL-FRFs
migrate more rapidly back into the left half-plane of the Nigj plot and cross the negative
real axis in the frequency range between 3000 and 4000 Hzidrfrequency range the
magnitude of the OL-FRFs has not yet rolled off significanthycs it is controlled by the
low order resonant modes of the honeycomb panel. Therdiermiximal stable feedback
gain is given by these high frequency circles of the OL-FRFshenleft half-plane of the
Nyquist plot.

Table 5.4 summarises the stable gains for the two panelsweithge- and current-driven
feedback loops. In the cases where the feedback gain igtrby the actuator resonance,
and the resulting low frequency loops in the left half-plari¢he Nyquist plots, it is the
OL-FRF H;; of the feedback loop located in the centre of the panel thatdithe maximal
feedback gain. This is because the feedback loop of thealamiit located in the centre of
the panels experiences the highest velocity response diitttamental bending mode of
the panels. For the aluminium panel the maximal stable gaicurrent-controlled feedback
loops is 28 while that for voltage-driven feedback loops@s As discussed in Chapter 4,
this can be explained by the difference in the blocked foesponse of the actuator due
to input voltage and input current. For the honeycomb pahelmaximal feedback gains
are significantly higher than for the aluminium panel. Fa turrent-controlled feedback
loops, the maximal gain is 2134. For the voltage controllsetiback loops, the maximal
gain is 642, due to the high frequency circles of the OL-FRFhereft hand side quadrants
of the Nyquist plot. The maximal stable feedback gain forltve frequency loop around

the actuator fundamental resonance inisolation is 621 5vautt therefore be much higher.

Table 5.4: Maximal stable feedback gain of the feedback loogted in the centre of the panels.

Panel Maximal stable feedback gain
Current \Voltage

Aluminium panel 28 76*

Honeycomb panel 2134 642* 6215

* limit due to response around actuators fundamental resenan
** limit due to high frequency spillover.
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System eigenvalues

As discussed by Gonzalez Diaz et al. [45, 33, 34] and BaumathitHiott [64], the stable
gain margin for a feedback control system with multiple gro@ss electrodynamic actua-
tors reduces with increasing number of feedback loops. i§hdsie to cross-talk, i.e. cross
excitation effects between the actuators. Hence, to aisessability of the multiple input
multiple output (MIMO) control system with five decentr&dcontrol loops, it is necessary
to evaluate the eigenvalues of the fully populateck[5] matrix of OL-FRFs between the

output of the five control sensors and the actuator inputassgn

ﬁl,l ﬁ1,2 Hys ﬁ1,4 Hys
Hy ﬁ2,2 Hy 3 ]:-’2,4 Hy s
Hs ]:-’3,2 Hj ]:-73,4 Hss | - (5.5)
Hyq FI4,2 Hy s lff4,4 Hygs
Hs ﬁ[5,2 Hs 5 ﬁ5,4 Hs 5

Expressions for the OL-FRFs matricéﬁf and ﬂU for current- and voltage-control are
derived in Appendix C. To guarantee stability, the eigerealof the OL-FRF matrix must
satisfy the generalised Nyquist stability criterion [1B@r each frequency the eigenvalues of
the OL-FRF matrix are calculated using the MatLab commandtayvever, this does not
yield the matrix eigenvalues in a consistent order, so thatiecessary to sort the resulting
eigenvalues with respect to the eigenvectors to yield fivesisbent open loop frequency

eigenvalue functions (OL-FEVF).

Figures 5.11 and 5.12 show (a) the Bode diagrams and (b) theidtymots with the eigen-

values of the fully populated OL-FRF matrices for instadiation the aluminium panel.
Figure 5.11 shows the results for current-driven feedbacks and Figure 5.12 for voltage
driven feedback. In contrast to the plots of the OL-FRF in Féglb.7 and 5.8, the OL-FEVF
exhibit five curves, each representing one of the systenneddige functions. The results
exhibit similar characteristics to the OL-FRFs for the indial feedback loops. However,

the loops are slightly expanded, which results in a decreathe stable gain margin.

The eigenvalue functions of the control system on the hameycpanel are shown in Fig-
ures 5.13 and 5.14. These also show similar effects to thesgmonding OL-FRFs in Fig-
ures 5.9 and 5.10. As discussed above, the circles of the EMFE are inflated which

results in lower gain margins.
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Figure 5.12: Simulated Eigenvalues of the OL-FRFs of tharobsystem withvoltage-controlled feedback
loops on thealuminium panel. Thick solid lines in the Nyquist plot mark the FRFshe frequency range
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Table 5.5 summarises the maximal stable gains for the dasystem on the two panels for
both current- and voltage-driven feedback loops. The systability is limited by the OL-
FEVF that forms the largest circle crossing the negativearia in the Nyquist plot. For
the results shown on the aluminium panel the system gainuisect-controlled feedback
loops is reduced by 28.5% and that for voltage driven feedhzaps is reduced by about
30%. For the honeycomb panel the system gain for the cucamtolled feedback loops
is reduced by 42% and for voltage-controlled feedback Idbpgain is reduced by 26.5%,

for the high frequency gain limit and by 42% for the low freqag gain limit.
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Table 5.5: Maximal stable uniform feedback gains for thetarsystem.

Panel Maximal stable uniform feedback gain
Current \oltage

Aluminium panel 206 53+

Honeycomb panel 1244 471+ 3620

* limit due to response around actuators fundamental resenan
** limit due to high frequency spillover.
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Figure 5.13: Simulated Eigenvalues of the OL-FRFs of thdrobsystem withcurrent-controlled feedback
loops on thehoneycombpanel. Thick solid lines in the Nyquist plot mark the FRFshe frequency range
from 0 Hz to 2000 Hz and thel§shed) line marks the unit circle around the Nyquist stability mioi
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5.2.3 Control performance

The performance of the control system is assessed considesintrol units with current-
driven actuators and a controller with a practical FRF asrgiveEquation (4.3). This
closely represents the practical control system investdhan the experimental study pre-
sented in the next part of this chapter. The response of thel paithout control units, to
a point force excitation and to a plane wave excitation With5> andy=45, is calculated
using Equation (2.5). The response with decentralisedcitgléeedback control units is
calculated using Equation (2.43). The panel kinetic enargytotal sound power radiated
are then calculated using Equations (2.11) and (2.14) ctisply. The panel dimensions,
control locations and the coordinates of the primary panté excitation are those shown

in Figure 5.6 and specified in Table 5.3.

Point force

Figure 5.15 shows the predicted panel kinetic energy andteatilsound power for the alu-
minium panel (left hand side) and the honeycomb panel (tigimd side) for point force
excitation. Considering first the plain panels, without coltinits, the kinetic energy spec-
tra for both panels, shown in Figures 5.15(a) and (b), areacherised by a set of well
separated resonances of low order modes of the panels;dhtieealuminium panel occur
between the fundamental resonance at 82 Hz and about 500 hile, those of the hon-
eycomb panel occur between the fundamental resonance atbs#hd about 2000 Hz.
Above these two frequency bands, the kinetic energies ofitbepanels are characterised
by smoother spectra since, as discussed in Section 5.&.8uthber of modes significantly
excited at any one frequency, i.e. the modal overlap fastoreases with frequency. The
spectrum of the honeycomb panel kinetic energy shows a dipeles 3000 Hz and 3800
Hz, which is due to the location of the force position relatte the edge and also due to
the uneven frequency distribution of resonance frequenmiie¢he anisotropic honeycomb
panel. For frequencies below 4000 Hz the kinetic energy efpain aluminium panel
is much higher than that of the plain honeycomb panel. Ab@&®@04z the response of

aluminium and honeycomb panel are of comparable level.

Considering next the sound radiation from the aluminium aodelgcomb plain panels,
shown in Figures 5.15(c) and 5.15(d), in contrast to thelrésuthe kinetic energy, above

the fundamental resonance frequency at 579 Hz the honeypand sound radiation levels
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are slightly higher than those for the aluminium panel. Tkislue to the fact that, as
discussed in Section 5.1, the two panels have significariffigrent radiation efficiencies
for low and mid audio frequencies. The aluminium panel isabierised by many resonant
modes at low and mid audio frequencies (the fundamentahess® is at 82 Hz) which,
however, poorly radiate sound below the acoustic coin@ddrequency at 7544 Hz. In
contrast the honeycomb panel is characterised by compealsafewer modes at low and
mid audio frequencies (the fundamental resonance is at Zj9vhich on the other hand
efficiently radiate sound since they all resonate abovecthasdic coincidence frequency at

around 400 Hz.

Figure 5.15 also shows the predicted responses and souatioadpectra of the two panels
with open and closed loop velocity feedback. The mass effiettte open loop control units

shifts down the resonance frequencies of the low order mofig® panels. Also, passive
damping effects of the open loop control units reduce theliaidp of the resonant peaks
over a wide frequency band. The amplitudes of low order resoes are reduced by up to

15 dB for the aluminium panel and up to 7 dB for the honeyconiepa

For the aluminium panel, when the feedback loops are closdédprogressively higher
control gains, 10 to 15 dB additional reductions of both kimenergy and radiated sound
power are predicted in the frequency range from 50 Hz to 3Q0Ikthe frequency region
between 30 and 50 Hz, as the feedback gains are increasedrtbleresponse and radiated
sound power are enhanced, since, as discussed in Chapterctntnol units insert power
into the structure rather than absorbing it from the stmgctiihis effect is normally reported
as low frequency control spillover. As discussed in Sechii@i2, the response of the control
units around the actuator fundamental resonance frequesaits in a conditionally stable

MIMO feedback control system, which is stable only up to a i feedback gain.

For the honeycomb panel, when the feedback loops are clogegmgressively higher
control gains, 20 to 30 dB additional reductions of both kimenergy and radiated sound
power are predicted in the frequency range from 400 Hz to 200Below 400 Hz the hon-
eycomb panel response is stiffness-controlled and drgpdlyawith decreasing frequency.

As a result, there is nearly no low frequency control sp&loproduced by the actuators.

Figure 5.16 shows the broad-band reductions in panel kirgtergy and radiated sound
power for a range of feedback gains, which are set to be umiforer all feedback loops.
Both the results for the aluminium and the honeycomb panek shtypical performance

curve with a single control optimum [23, 19].
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The plot in Figure 5.16(a), for the aluminium panel, shovwat the reductions achieved in
panel kinetic energy are larger than those in radiated sponer. This is because not all
resonant modes are efficient radiators of sound. Reductitheiresponse of non-radiating
modes contribute the overall reduction in kinetic energlyrtmi to the reduction of radiated
sound power. Also as shown in Figure 5.15(c) the efficieratyiating modes occur at high

frequencies where feedback control is not effective.

The results also show that the control system becomes Uas$tadower gains than those
that would produce optimal control performance. The resalFigures 5.15(a) and (c) are
those for the optimal/stable uniform feedback gain of 14 taam be applied to the control
units when installed on the aluminium panel. This gain isseimoto be slightly lower than
the maximal stable gain, given in Table 5.5, since the cosystem with maximal stable

uniform feedback gain produces already produces high leguiency control spillover.

The plot in Figure 5.16(b), for the honeycomb panel, shows tte broad-band reductions
of kinetic energy and radiated sound power produced by tberdmlised control system
are similar to each other. This is because all modes of theywamb panel resonate at
frequencies above the acoustic coincidence frequencyhatoatl resonant modes radiate
sound efficiently. A reduction of the response of any modestioee contributes similarly to
the broad-band reduction of kinetic energy and radiatedg@ower. The plots also show
that the control optimum is achieved for feedback gains tvisice below the maximum
stable gain of the control system (see Table 5.5). TherafoFégures 5.15(b) and (d) the
response spectra for both optimal and maximum stable fe&dtzntrol gains are shown.
When the maximum stable feedback control gains are appligdifisant low frequency

spillover effects are produced by the control system.

For the aluminium panel, only relatively small broad-baaductions of the response and
radiated sound power are achieved. This is because thedowdncy control spillover be-
tween 30 and 50 Hz counter-balances the active control tiethsdoetween 50 and 300 Hz.
Significantly higher broad-band reductions, up to 15 dB, ateéexed on the honeycomb
panel since the low frequency spillover effects producedhieycontrol units are small for

the optimal gain.
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Acoustic plane wave

Figure 5.17 shows the predicted panel kinetic energy andtetisound power for the alu-
minium panel (left hand side) and the honeycomb panel (igimd side) excited by an
acoustic plane wave with=45> andy=45". The spectra of the kinetic energy and radiated
sound power of the plain panels are similar to those showmiresponding plots for the
point force excitation in Figure 5.15. However, for the alnium panel the spectra are char-
acterised by a smaller number of well-separated resonaiibéesis due to the fact that the
distributed acoustic field does not efficiently excite awlorder modes of the aluminium
panel, even modes having a lower radiation efficiency. Irtresh all modes of the hon-
eycomb panel are well excited due to its low acoustic comog frequency. The spectra
for both panels tend to roll off at a higher rate as the frequeises. This is because the

excitation strength of the acoustic wave tends to decredbeaiging frequency.

Comparing the plots in Figure 5.15 and Figure 5.17, it is naked for both panels the
narrow-band effects produced by the control units with ogeeh closed feedback loops are

very similar for both point force and acoustic plane wavetations.

Figure 5.18 shows the broad-band reductions of panel kirgtergy and radiated sound
power for a range of feedback gains, set uniform for all feet#tdoops. The results for both
the aluminium and the honeycomb panel show a typical pedooa curve with a single
control optimum. In contrast to the broad-band reducti@mgtie point force excitation in
Figure 5.18, much higher reductions are achieved for thie plave excitation, particularly
on the aluminium panel. This is because the spectra are @iy the responses of low
order structural modes which are efficiently reduced by medm@ctive damping, produced

by the velocity feedback loops.
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Figure 5.17: Predicted panel responses and radiated sowspforAPW 45° excitation. Aluminium panel
left hand side, honeycomb panel right hand side; panelikiegergy top row, radiated sound power bottom

Panel kinetic energy [dB rel: 1 J/Paz]
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Figure 5.18: Predicted changes in broad band panel respanseradiated sound power fAPW 45° exci-
tation. (a) aluminium panel and (b) honeycomb panel. Panel kiretargy 6olid) and radiated sound power
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Stochastic excitation

Figure 5.19 shows the simulation results for the structueaponse and radiated sound
power of both panels for ADF and TBL stochastic disturbandes. comparison the re-
sults for APW, which have been given in Figure 5.17 are algsgmted in Figures 5.19(a)
and (b). The results plotted with continuous lines are tliosthe plain aluminium and the
plain honeycomb panels. The results plotted with dashed lame those for the panels with
closed feedback control loops. The results for the aluminpanel with control are those
for optimal/stable feedback gains of 14. The results theeliloomb panel with control for
acoustic APW and ADF disturbances are those for feedbacls gdi255. The results for

the TBL disturbance are those for feedback gains of 180.

The results for the stochastic ADF and TBL disturbances ogimeycomb panel have not
been simulated for as many values of feedback gain as themdeistic APW and point
force excitations. However, the results presented coora$losely to optimal control
performance. It should also be noted that the number of elesne they-direction of the
panel has been increased from 16 to 55 for simulations with &®titation. This is to

guarantee at least three elements per convective wavelan@#h00 Hz, i.e A, < A.y./3.

The panel responses and radiated sound power for all typesétion reflect the specific
excitation characteristics discussed in Chapter 3 and h&sgpecific structural dynamics
and radiation characteristics of the two test panels dssalis the previous sections of this
chapter. The response characteristics of the two panelsoigstic excitation have already
been discussed. However, the simulation results for theorese of the panels to TBL

excitation gives interesting new results.

For the honeycomb panel the convective coincidence frexyueecurs at 56 Hz, well below
the fundamental resonance frequency at 579 Hz. Therefaore oicthe structural modes of
the panel are excited at coincidence. As shown in Figure(®)lthe structural response of
the honeycomb panel to TBL excitation is therefore lower tthet of the aluminium panel
over the entire observed frequency range, particularlyraddhe convective coincidence of
the aluminium panel which occurs at 1169 Hz. Above the hooeycpanel fundamental
resonance frequency the radiated sound power spectra ofvthplain panels, shown in
Figure 5.19(f), exhibit relatively similar levels. The s with closed feedback loops indi-
cate that for TBL excitation the panel response and radiateddspower of the honeycomb
panel could be significantly reduced below the levels of fbenanium panel over a wide

range of mid audio frequencies.
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Figure 5.19: Panel kinetiédft — column) and radiated sound poweright — column) from the aluminium
panel (faint) and the honeycomb panehfck) without active control {olid) and with active control using
current controlled actuators and optimal/stable feedpagk (dashed). For APW (=45) (top — row) , ADF
(centre — row) and TBL (ottom — row) excitation.

The results of this study also highlight that, in contrasthte maximum stable feedback
gain, which only depends on the control units and panel elglynamics, the optimal
control gain is also a function of the specific excitation aadiation characteristics of the
panels. As previously discussed in Section 3.4, the optieelback gain therefore varies
with changes in the excitation characteristics. Duringrapen a vehicle may go through
specific operation cycles, e.g. landing, climb, cruise ragph and landing of an aircraft or

other variations such as changes in speed. It seems dedinabéfore to develop a control
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system with adaptive (possibly self-sensing and tuninglitiack loops that can optimise
the feedback gain in order to achieve optimal control redast This idea seems to be
more promising for the application on a stiff honeycomb pahan on a thin aluminium

panel since the results in this study indicate that the adtieedback gain for the control

system on the honeycomb panel can be significantly lowerttiastability limits.

In addition to the simulations carried out in this study, engwestigations should be con-
ducted to investigate the possibility to optimise further tontrol stability and performance
by applying individual non-uniform feedback gains to eaebdback loop. Also the possi-
bility should be investigated to enhance the stability efshngle feedback loops by modify-
ing the frequency response function of the feedback cdatmith appropriate compensator

circuits that can shift the actuator fundamental resongmeards lower frequencies.

5.3 Experimental studies

This section presents results of experimental studies@ndhtrol stability and active con-
trol performance when a decentralised velocity feedbackrobsystem is mounted on a
thin homogeneous aluminium panel and a stiff lightweightdyecomb sandwich panel. The
properties of the panels are those described in SectioMBelcontrol system is the MIMO
decentralised feedback control system with five proof-netesstrodynamic-actuator sensor

pairs that is described in Chapter 4.

5.3.1 Experimental set-ups

For the experimental studies, the aluminium and honeycaaniels were clamped in a test
frame and placed in the window of a sound transmission sastehown in Figure 5.20. The
edge dimensions of the panels in the test frame aé77 mm,/,=381 mm. The resulting

boundaries for the honeycomb panel were found to be betwieaergand clamped condi-
tions. Also, it has been found that the aluminium panel wéectdd by in-plane loads due
to in-perfect mounting conditions and panel curvatureaffevhich shifted the measured
resonance frequencies above those predicted for an idephfial with clamped boundary

conditions.

The five control actuators are mounted on the source sideegbdhels using a thin layer

of adhesive wax. The control locations are those specifidalote 5.3. The accelerometer
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sensors are mounted in the footprint of the control actsabor the opposite side of the
panels (receiving side) also using a thin layer of adhesiae. Wiogether the five control
units (excluding the controller) add a mass of 0.185 kg topidueels with a mass of 0.785

kg, which is an increase by 23.5%.

As shown in Figure 5.20, on the source side, the panels wereedXa) mechanically using
a shaker and (b) by the direct acoustic field generated bydspmaker placed in front of
the panels at about 80 cm distance. The excitation pointh@rshaker excitation is that
specified in Table 5.3. In the case of shaker excitation thatiforce applied to the panel
was measured and used as the reference excitation sigrahd-acoustic excitation, the
voltage input to the loudspeaker was measured and used esfehence excitation signal.
The effects introduced by the loudspeaker and by the sowa@® responses have been
considered by correcting the measured responses on theeresiee of the panel with the
magnitude of the transfer function between the loudspeakeit voltage and the spatially
averaged sound pressure measured in close proximity toahel gurface on the source

side.

Figure 5.20: Set-ups for shaker excitation (a) and loudsgeaxcitation (b).

As shown in Figure 5.21(a), on the receiver side a laser mleter was used to measure the
response of the panel on a grid of 16x20 points. The paneli€ierergy and radiated sound
power are estimated from these measurement using the fations for the 'elemental ap-
proach’ described in Chapter 2. The panel is assumed to bevaldmtlinto a uniform grid

of elements and the grid of measured panel velocities repteshe velocities at the centres
of these elements. The panel kinetic energy and radiatendspower are then estimated

using Equations (2.11) and (2.14) respectively.

123



As shown in Figure 5.21(b), the radiated sound power wasesmated from sound pres-
sure measurements made on a hemispherical array with nic@phbnes under semi-
anechoic conditions in the receiving room. The procedurpleyed followed those de-
scribed in the relevant 1ISO standard [65]; it should be ndtedever that the receiving
room used does not meet the strict standard requirementhanthe chosen microphone
arrangement is also different from that described in the $&Ddard as the microphones

are at a distance of only 60 cm from the centre of the panel.

Figure 5.21: Set-up for (a) laser vibrometer measuremerntgt® microphone array measurements.

The radiated sound power obtained from the laser vibronmeéasurements and from the
microphone array measurements were found to be in goodragregevith each other. At
frequencies below 250 Hz, the acoustic measurements wengl fim be slightly contam-
inated by the resonant response of the receiving room. §has iexpected effect as the
30 cm deep foam wedges used to treat the surfaces in theirgcedom are only efficient
above about 250 Hz where the wedge depth exceeds a quarter atdustic wavelength.
The laser viborometer measurements are largely indepefrdemiany background noise or
from the properties of the receiving room. Also the honeyoganel was found to have a
strong radiation directivity so that a sampling using nirierophones may not yield suffi-
cient resolution. For this reason only the results from #set vibrometer measurements
are presented and discussed in the thesis. The resultsli®mitrophone measurements
are presented in Appendix E, together with a more detailedrgeion of the experimental

arrangements.
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5.3.2 Stability analysis

The stability of the control system is experimentally inigasted by measuring the open-
loop frequency response functions (OL-FRFs) between thag®linput to the integrator
of each control channel and the five voltage outputs of themesignal conditioner. As
discussed in Section 5.2.2, in order to guarantee stabiligach control loop, the OL-FRF
must not encircle the Nyquist instability point at (-1)@nd to readily assess the stability
of the MIMO control system with the five decentralised cohlivops the eigenvalues of the
fully populated [5x 5] matrix of OL-FRFs between the five input signals to each rbnt

channel and the five sensor output signals must satisfy tloeistystability criteria [13].
Open loop response functions:

To assess the stability of the control system, the gain foh €@antrol loop is normalised
to guarantee a 6 dB gain margin, i.e. they are set to half thermen stable gain. The
OL-FREFs for the five channels of the control system when mabotethe aluminium panel

and the honeycomb panel are shown in Figures 5.22 and 5 p8atesely.

As noted in the simulation study presented above, the ganginsafor the control loops
on the aluminium panel are limited by the actuator fundamderesonance, which for low
frequencies produces a circle on the left half-plane of tlgguist plot in Figure 5.22(b).
The parts of the OL-FRFs that fall in the unit circle around khguist stability point at
(-1,0j) are expected to result in enhancement of the structurpbre in that frequency

range, i.e. to cause control spillover.

For frequencies above the actuator resonance frequeeayirthes of the OL-FRFs migrate
into the right half-plane of the Nyquist plot. It is theredoexpected that, for frequencies
above the fundamental resonance frequency of the actttagorglocity feedback loops re-
duce the structural response of the panel by means of aciwpidg. The relatively large
magnitudes of the circles in the right half-plane compargd that on the low frequency cir-
cle in the left half-plane of the Nyquist plot indicate thia¢ response of low order structural

modes of the aluminium panel are attenuated efficientlyraddlieir resonance frequencies.

At very high frequencies the circles of the OL-FRFs migratekbato the left half-plane
of the Nyquist plot. In this frequency range the magnitudehe OL-FRFs are very small
compared with that of the low frequency circle due to the atciufundamental resonance;

hence these parts of the OL-FRFs do not pose stability lirbiis,are expected to cause
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small control spillover effects at high frequencies.
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Figure 5.22: Open-loop FRFs of the control units on the ahimni panel. Thick solid lines in the Nyquist
plot mark the FRFs in the frequency range from 0 Hz to 150 Hzthaddashed — red) line marks the unit
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Figure 5.23: Open-loop FRFs of the control units on the hoamp panel. Thick solid lines in the Nyquist
plot mark the FRFs in the frequency range from 0 Hz to 3000 Hizthe {ashed — red) line marks the unit

circle around the Nyquist stability point.

As noted in the simulation studies, the Nyquist plot of the-ERFs of the control loops on
the honeycomb panel in Figure 5.23(b) shows the same lowérazy circle on the left half-
plane as those of the aluminium panel in Figure 5.22(b). Thgmtudes of the OL-FRFs in
this frequency range are very small and would hence allowifgr gain margins. However,
for frequencies above about 3000 Hz, the circles of the OLg®RREh high magnitude
migrate onto the left half-plane of the Nyquist plot and pas®ore stringent limit on the
gain margin of the control loops. Thus higher control spifloeffects occur at these high

frequencies than around the fundamental resonance of thatac
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The Bode diagrams in Figures 5.22(a) and 5.23(a) with the REd~for the control sys-
tem on both the aluminium and the honeycomb panel show reserend anti-resonance
behaviour in the frequency range between 7 kHz and 9 kHz. & hesonances occur in
the same frequency range for both panels; it is thereforenasd that these resonances
are specific to the control system. A comparison with measent results in Chapter 4
strongly suggests that they are due to mounting resonafties actuator and accelerome-
ter units. For the control system on the honeycomb panet bilga frequency problems at

high frequencies may occur due to resonances of the hondycrras-section [66].

The results in Figures 5.22 and 5.23 correspond well to thalsition results for the control
system with current-controlled feedback loops in Figur@&sahd 5.9 respectively. The panel
model with closed loop feedback control seems to captutienglbrtant features of the sys-
tem except the control unit mounting resonances. For the@asystem on the honeycomb
panel it is these mounting resonances that impose theistdiniit of the system and for

further studies different mounting methods rather thareanlle wax should be investigated.

Eigenvalues of open loop FRF matrix

Figures 5.24 and 5.25 show the eigenvalues of the fully @apdl OL-FRFs matrices for
the control system mounted on the aluminium and honeycomelpaespectively. The re-
sults for the control system mounted on the aluminium paivelngin the Nyquist plot in
Figure 5.24(b) show the same low frequency characteriascdhe OL-FRFs for the indi-
vidual feedback loops in Figure 5.22. However, all circles slightly inflated and the low
frequency circle of one of the system eigenvalues crosgesdfative real axis close to the
Nyquist stability point. This shows that although all indival control loops have a gain
margin of 6 dB, the resulting control system with five decdigtea control loops is only

just stable.
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Figure 5.25: Eigenvalues of the open-loop FRF matrix of thetiol system on the honeycomb panel. Thick
solid lines in the Nyquist plot mark the FRFs in the frequeraryge from 0 Hz to 3000 Hz and théa(shed —
red) line marks the unit circle around the Nyquist stability qtoi

The eigenvalues for the control system mounted on the honglygpanel given in Figure
5.25(b) show similar characteristics to the OL-FRFs for thehvidual feedback loops in
Figure 5.23. The low frequency circles on the left hand sidé® Nyquist plot are slightly
inflated. However this may be due to numerical instabilityszd by the low magnitude of
the measured OL-FRFs of the control system in this frequesiocge. As discussed for the
OL-FRFs of the individual feedback loops in Figure 5.22, this high frequency circles of
the system eigenvalues, which limit the gain margin andrdete the control spillover. The
high frequency circles of the OL-FEVF in the Nyquist plot igé&re 5.25(b) are only very
slightly inflated compared with those in Figure 5.23(b), ethindicates only little cross-
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talk between the individual feedback loops at those highueacies. Thus the dynamic
response of the honeycomb structure tends to mask créssHiatts between neighbouring
actuators so that multiple feedback loops can be implerdentith control gains close to

those that would implemented if the control units were opegan isolation.

During the experiments it was found that for the controlegsbn the aluminium panel, un-
stable control gains result in self-excitation of the cohkbops at low frequencies. For the
system on the honeycomb panel excessive control gaingedsalhigh frequency whistling

of control units. This observation is in good agreement sithulated and measured stabil-

ity properties of the control system on the two test panels.

5.3.3 Control Performance

This section presents the measured narrow-band specthe gfanel kinetic energy and
radiated sound power for the aluminium and the honeycomélpahe results presented are
those for the plain panels, the panels with open loop contrité and for the active panels
with manually tuned feedback control gains. On the alunmmpanel the feedback gain for
each control unit was individually tuned to the maximum ghist guaranteed the system to
be stable. As expected from the stability analysis in Sadi@.2 unstable feedback gains
resulted in self excitation of the control units around tleeuator fundamental resonance
frequency. On the honeycomb panel, as discussed in Secto?, 3he stability of the

feedback loops is limit due to conditional stability at higaquencies. Unstable feedback
gains resulted in self excitation of the control units, wh@aused a clearly audible high
frequency buzzing sound. The feedback gain were indivigaahed to the maximum level

for which this buzzing sound was inaudible.

Shaker excitation: The plots in Figure 5.26 show the measured narrow-band repett
the panel kinetic energy and radiated sound power for thmialum panel (left hand side)
and the honeycomb panel (right hand side) with shaker eiartaFigure 5.27 shows the
corresponding changes in panel kinetic energy and radsatead power in 1/3 octave bands
for the panels with passive control units and with closedllieek loops with reference to
the spectra of the plain panels. Figure 5.28 shows the diffes in panel kinetic energy and
radiated sound power between the plain aluminium panelt@bdneycomb panel without

control system and with open and closed loop feedback damiits in 1/3 octave bands.
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Considering first the narrow-band kinetic energy spectralferplain panels under shaker
excitation in Figures 5.26(a) and (b), it can be observed firalow and mid frequency
bands the spectra for both panels are characterised by awell-separated resonances of
low order modes; those of the aluminium panel occur betwkeriundamental frequency
of 117 Hz and about 500 Hz, while those of the honeycomb parmirdoetween the funda-

mental resonance at 735 Hz and about 2000 Hz.

For higher frequencies, the kinetic energies of the two [saaee characterised by more
complex spectra resulting from the response of a numberesfapping modes. The kinetic
energy spectrum of the honeycomb panel shows a dip betw&@n0and 3750 Hz, which
is due to the uneven frequency distribution of resonan@pigacies of the anisotropic hon-
eycomb panel and the location of the force position, whidgwo a@ccurs in the simulation
results. As in the simulations, for frequencies below 372Qh# kinetic energy of the plain

aluminium panel is much higher than that of the plain honayzpanel.
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Figure 5.26: Measured response and sound power radiatstddker excitation. Aluminium panell¢ ft) and
Honeycomb panel-ght); Panel kinetic energyt¢p) and radiated sound powéroftom).
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The measured response of the honeycomb panel in this freguange is even lower than
the simulation result in Figure 5.15. The response of theeppoomb panel indicates con-
siderable structural damping which is introduced by the mtiog conditions of the panel in
the test frame. Above 3750 Hz the response of aluminium andyammb panels approach
similar level, which can also be seen from the direct congpariof the 1/3 octave band

spectra in Figure 5.28(a).

Moving to the shaker-induced sound radiation spectra showngures 5.26(c) and (d), in
contrast to what is found for the kinetic energy, above timel&imental resonance frequency
of the honeycomb panel at 735 Hz, both panels show more sisoland radiation levels,
which can also be seen from the 1/3 octave band spectra imeg=igR8(b). This is due to
the fact that the two panels have significantly differentatidn efficiencies at low and mid
audio frequencies, which combined with the different resgolevels at these frequencies

give rise to similar sound radiation levels.
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Figure 5.27: Change in the panel kinetic energy and radedadd power foshaker excitation, evaluated in
1/3 octave bands. Aluminium panét{t) and Honeycomb panet{ght); Ex;., (top) and B..q4 (bottom).
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As found in the simulation study presented above, the medsaund radiation spectrum of
the aluminium panel is characterised by many resonancés ped anti-resonances troughs
which are due to the superposition of contributions of lodesrstructural modes that poorly
radiate sound below the acoustic critical frequency at aB500 Hz. In contrast at low and
mid audio frequencies the sound radiation of the honeycamnlelgs characterised by a few
well separated low order resonances, which are efficieatljating modes, since they all

resonate above the acoustic critical frequency of aboutH00

The plots in Figure 5.26 also show the measured responsesoand radiation spectra of
the two panels with attached open loop and closed loop \glte@dback control units. The
passive effects of the open loop control units shift the masge frequencies of low order
modes downwards, due to the added point masses. Also, thiwdep of the resonant
modes are significantly reduced over a wide frequency rangéalpassive damping effects.
Above the fundamental resonance of the actuators, the mag@-mass acts as an inertial
reference so that both mechanical and electrical dampfegtefare produced. Mechanical
damping is caused by the air being squeezed in and out theainty in the magnet mass
by the vibration of the coil. Electric damping is induced Img tback e.m.f. effect in the
coil. The shift of low frequency resonances and the broadtsamping effects due to the
passive action of the control actuators can also be seereid/8hoctave band spectra in
Figure 5.27.

The simulated responses for panels with open loop contogdan Figure 5.15 do not
exhibit considerable high frequency broad-band redustidume to damping effects. It is
believed that the high broad-band damping effects measxgerimentally may be due to
the non-linear response of the open-loop control units awshn Figure 4.6. The model
of the control units does not capture these non-linear &ffand further studies on the
base response of the control units would be necessary tolggttex understanding of this

phenomenon.

As shown on the left hand side of Figures 5.26 and 5.27, foalin@inium panel with closed
feedback loops, additional reductions of both kinetic ggemnd radiated sound power are
achieved in the frequency range from 80 Hz to 200 Hz. In paldic in the 125 Hz 1/3
octave band containing the panel fundamental resonangeeney, the kinetic energy and
radiated sound power is reduced by more than 10 dB to giveahrextuction due to active
and passive effects of more than 20 dB. In the frequency reggtween 20 and 63 Hz,

feedback control results in enhancement of the panel regpand radiated sound power;
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particularly in the 50 Hz 1/3 octave band the panel kinetergy and radiated sound power
are increased by about 10 dB. As discussed in Sections 5.8.8.312, this is due to the

control spillover effects around the fundamental resoaari¢he actuators.

As shown on the right hand side of Figures 5.26 and 5.27, ®htineycomb panel with
closed-loop feedback control units, additional reductiofhboth kinetic energy and radiated
sound power are achieved in the frequency range between 689 H00 Hz. In particular
in the 800 Hz 1/3 octave band that contains the panel fundainessonance frequency,
the kinetic energy and radiated sound power are reduced tyt @bdB to give a total
reduction, due to passive and active effects, of more thatBl8elow 500 Hz the response
of the honeycomb panel is stiffness-controlled and dropiilaas frequency decreases. As
discussed in Sections 5.2.2 and 5.3.2, in this case, latleftequency control spillover is

produced by the closed-loop control units.

Figure 5.28 shows the difference between the panel kineéicgy and radiated sound power
spectra of the plain aluminium panel and of the honeycomlelpaith the control units im-
plementing the manually tuned feedback gains. This comparhows that the honeycomb
panel is characterised by much lower kinetic energy at lodvraid audio frequencies and
much lower radiated sound power at low audio frequencie® léVels of radiated sound
power at mid audio frequencies are similar for both plaingd&nin this frequency region
the radiated sound power of the honeycomb panels is coasilyeeduced by the feedback
control units so that the honeycomb panel with active comédiates less sound than the
plain aluminium panel. As shown in Figure 5.27, in the midiaudequency range the
response and radiated sound power of the aluminium pankelowittrol units is also con-
siderably reduced, predominantly due to the control ursisp@ effects. It can therefore
be concluded that for shaker excitation, in the mid audigdescy range, both panels with
installed feedback control units radiate similar levelssotind power. Above 4 kHz the

honeycomb panel radiates more sound than the aluminium feareach configuration.
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Figure 5.28: Differences in the response of the plain alisminpanel and those of the honeycomb panel
without control units {aint), with passive control unitsished —red) and with closed loop feedback control
(solid — blue) for shaker excitation, evaluated in 1/3 octave bands. (g).Eand (b) R.4-

Loudspeaker excitation: The plots in Figure 5.29 show the measured narrow-band spec-
tra of the kinetic energy and radiated sound power for theadium panel (left hand side)
and the honeycomb panel (right hand side) with loudspeakata¢gion. Results are pre-
sented for the plain panels, the panels with open loop clhutits and for the active panels
with manually tuned feedback control gains. Figure 5.3@&hihe changes in panel kinetic
energy and radiated sound power in 1/3 octave bands. FigBitesBows the difference in
panel kinetic energy and radiated sound power between #ne @luminium panel and the
honeycomb without control system and with open and closep feedback control units in

1/3 octave bands.

Considering the narrow-band kinetic energy of the panelddiodspeaker excitation, the
spectra in Figures 5.29(a) and (b) show similar charatiesito those for the shaker exci-
tation, although the spectra are characterised by a snmalleber of well-separated reso-
nances and also tend to roll off at a higher rate as frequaseg.r This is due to the fact
that the distributed acoustic field does not efficiently exall low order modes and also the
excitation strength tends to decrease with increasingiéeqgy, which is in good agreement
with the simulation results in Figure 5.17. Compared withrésults for shaker excitation,

below 3750 Hz the kinetic energy of the plain honeycomb pareited by the loudspeaker
is closer to that for the aluminium panel, which can also Edeom the 1/3 octave band
difference spectra in Figure 5.31(a). This is because atemdrequency lower order struc-
tural modes exist the honeycomb panel which are more efflgiercited by the acoustic

field produced by the loudspeaker.

134



a) b)

-40 plain panel 1 -40 plain panel
— = = passive units — — = passive units
-50 max gain 1 -50 max gain

. 2
Ekin [dB rel: 1 J/Pa7]
. 2

Ein [dB rel: 1 J/Pa7]

10° 10° 10° 10°
Frequency [Hz] Frequency [Hz]

<) d)

plain panel
— = = passive units
max gain

|
N
o

|
N
o

|
a1
o

[dB rel: 1 W/PaZ]
| |
~ o
o o

[dB rel: 1 W/P&l]

P rad
| |
© ®
=} =]
P rad

plain panel
-100 — — = passive units

max gain

-110

10° 10’ 107 10°
Frequency [Hz] Frequency [Hz]

Figure 5.29: Measured response and sound power radiatdduidspeaker excitation. Aluminium panel
(left) and honeycomb panetight); panel kinetic energyt6p) and radiated sound poweroftom,).

The narrow-band radiated sound power spectra for loudgpeaditation in Figures 5.29
(c) and (d) show that above 735 Hz the radiated sound powéegdlain honeycomb panel
exceeds that of the aluminium panel. This confirms the ptedicombined effect of higher

radiation efficiency and higher sensitivity to acoustidulisance of the honeycomb panel

resonant modes.

As shown in Figures 5.29 and 5.30, for loudspeaker excitatite sound radiation from the
aluminium panel above 400 Hz is only marginally changed leyatidition of the control
unit systems. This is because the radiated sound powersgpeist mass-controlled and not

dominated by resonant modes.

The comparison of the changes in kinetic energy and radsedd power in Figures 5.27
and 5.30 show that the reductions achieved for both typesaitedion are otherwise gener-
ally very similar. The experimental studies confirm thatth@uctions achieved depend on
the number of modes that are efficiently excited at resonandefor the sound power, the

number the radiate sound efficiently.
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Figure 5.30: Change in the panel kinetic energy and radiatethd power foloudspeaker excitation,
evaluated in 1/3 octave bands. Aluminium panlelf{) and Honeycomb paneldght); Ex;n (top) and
P,.ca(bottom).

Figure 5.31 shows the differences in radiated sound powvterdas the loudspeaker-excited
plain aluminium panel and the plain honeycomb panel withmrttrol system and with

open and closed loop feedback control units. As in the cashaker excitation, shown
in Figure 5.28, this comparison shows that the honeycomplparcharacterised by much
lower kinetic energy at low and mid audio frequencies andmower radiated sound power

at low audio frequencies, although the differences arediggsficant.

In the case of loudspeaker excitation, for frequencies @890 Hz the radiated sound
power from the plain honeycomb panel exceeds that from thi@ pluminium panel; par-
ticularly in the 800 Hz 1/3 octave band, where it is about 11higher despite having
similar mass. The results with open loop control units amsed feedback control loops
show that the sound radiation from the honeycomb panel irffrétpiency range between
800 Hz and 2500 Hz is efficiently reduced to similar leveldase for the plain aluminium
panel. As discussed above, in this frequency range, onlyl setuctions due to passive

and active effects of the control units are achieved on tam@lium panel. This indicates
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that for acoustic excitations the aluminium and honeycowtiva panels show a similar
performance in the mid audio frequency range between 800nd2&00 Hz, although in
this frequency band the sound radiation from the plain hooeyo panel is considerably

higher than that from the aluminium panel.
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Figure 5.31: Differences in the response of the plain alivminpanel and those of the honeycomb panel
without control units {aint), with passive control unitsished —red) and with closed loop feedback control
(solid — blue) for loudspeakerexcitation, evaluated in 1/3 octave bands. (a),Eand (b) R.q.

Effect of lumped masses: Additional measurements with lumped masses were conducted
in order to contrast the passive inertia effects produceshtgll blocks of steel and the pas-
sive and active effects produced by the control units. Therobactuators were replaced
with lumped masses of either 11 grams or 35 grams, where tlgealih masses represent
the mounting mass of the actuators including the voice camllthe 35 gram mass represents
the total mass of an actuator. The results showed that theddddped masses shift the
resonances of low order structural modes towards loweuéeges but do not introduce
damping. At low frequencies this results in a shift of kicetnhergy and radiated sound
power spectra in frequency. The 1/3 octave band spectreatadihat at higher frequencies
the added lumped masses does not produce a significant neticgdof the panel response
and radiated sound power. For completeness the resulisdonéasurements with equiva-

lent lumped masses are presented in Appendix E.
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5.4 Summary

This chapter presented simulation and experimental estibtudies on a thin aluminium
panel and a honeycomb sandwich panel with decentralisedit)efeedback control. The
control system was implemented considering the five deaksed control units with proof-

mass electrodynamic actuator - accelerometer sensorgsadtsscribed in Chapter 4.

Simulation and experimental measurements have beencauiein order to assess and
compare the control stability and performance, in termsaoigbkinetic energy and radiated
sound power, of the two panels. In the experimental studpdmels were either excited me-
chanically by a shaker or by the acoustic field produced byiddpeaker. In the simulation
study these two excitations were modelled as point forcéatian and an acoustic plane
wave excitation. Further simulation results have beengortes! for the panels excited by
random broad-band ADF and TBL disturbances. The two panelstaracterised by a very
similar mass per unit area, but the honeycomb panel has a higbbr bending stiffness
than the aluminium panel. This results in considerablyedéht fundamental resonance and

acoustic coincidence frequencies.

e It was found in Section 5.1 that the bending wave numbers etdttneycomb panel
are significantly lower than those of the aluminium panehméntire frequency range
of interest. This results in a much lower modal density aneelomodal overlap for
the honeycomb panel and also in much lower convective andsticacoincidence

frequencies.

e Section 5.2 presented the simulation results for the imphgation of a practical con-
trol system with decentralised feedback control units aswleed in Chapter 4, where

the model parameters were chosen to replicate the expdaahsat-up.

Due to its lower fundamental resonance frequency, the respand radiated sound
power of the aluminium panel at low audio frequencies arelmigher than those of
the honeycomb panel. In the mid audio frequency range, allemof the honeycomb
panel are efficient radiators of sound and are also effigienttited by an acoustic
source, which results in higher levels of radiated soundguaiaan for the aluminium

panel.

The control system on the honeycomb panel performs betternims of both control
stability and also of control performance, which, depegdim the type of excita-

tion, allows the response of the honeycomb panel to be dtedrm the mid audio
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frequency range to similar or even lower levels than thoga@aluminium panel.

Section 5.3 presented the results from experimental Suditransmission chamber

on the two panels with and without AVC system.

The results show that considerable broad-band reductidkisetic energy and radi-
ated sound power are produced by the passive and activeésafiiethe control units.

For the aluminium panel, significant reductions are achiewethe low audio fre-

guency range between 80 Hz and 250 Hz. For the honeycomb, mamsiiderable
reductions are achieved in the mid audio frequency rangedsst 500 Hz and 1600
Hz.

The results from the experimental study validated the satmar results. The active
panel model used in the simulation study captures all ingpogphysical effects. The
effects that are not captured in the model are the non-liaetrator dynamics that
produce broad-band damping with the open loop control wnits also the control
unit mounting resonance, which imposes the current stalbithits for the control

system on the honeycomb panel.

Further studies are needed to optimise the high frequeabylist of the control sys-
tem on the honeycomb panel and to yield a better understguaditne considerable

broad band damping effects of the passive control units.
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Chapter 6

Summary, conclusions and

recommendations for further work

This final chapter summarises the findings of this thesisagswlemphasises suggestions for
future research work on decentralised velocity feedbackrob A more detailed summary

of the conclusions is provided at the end of each chapter.

6.1 Summary

Chapter 1 provided a brief introduction on motivation and technicatkground for ac-
tive vibration control on panels. Also the objectives andaure of this dissertation were

outlined and the original contributions of this researchen@ghlighted.

Chapter 2 introduced the general, elemental based, model for thetatal response and
radiated sound power for passive and active panels wittbgegdcontrol. The expressions
for discrete and distributed deterministic transversdtation, and distributed stochastic
transverse excitation were reviewed. It has been showritiedtansmission coefficient of
a baffled passive panel derived with the elemental appraithgood agreement with the

corresponding simplified analytical solutions.

Chapter 3 presented the simulation studies on decentralised vgltesdback control via

ideal sensor actuator pairs for different types of distebudeterministic and stochastic ex-
citation. The objectives of this study were twofold. Fiystb investigate and contrast the
structural response and the sound radiation in the audjoémcy range produced by homo-

geneous and lightweight sandwich panels subject to detesticiand stochastic distributed
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excitations. Secondly, to study and compare the contrettffproduced by an array of ide-

alized velocity feedback control loops on homogeneous igihtiveight sandwich panels.

The principal differences between the structural respofigen homogeneous and the sand-
wich panels were discussed with respect to: (a) the realmamaber solutions of the gov-
erning equations, (b) the modal density, (c) the modal aypeaind (d) both excitation and

radiation coincidence effects.

Then the structural response and sound radiated of the taelpdue to (a) acoustic plane
wave, (b) stochastic acoustic diffuse field and (c) turbulmmundary layer disturbances

were contrasted.

Simulation studies on the two panels with 16 ideal veloatydback loops were conducted
in order to compare the control effects on both panels anovestigate the intrinsic limi-

tations of decentralised velocity feedback control. Intcast to most previous studies on
active panels, the analysis in this study has been extemd#tetupper end of the audio

frequency range.

Chapter 4 presented experimental and simulation studies on the apnlased loop base
impedance of practical control units with proof-mass etetynamic actuator-accelerometer
sensor pairs and controller FRF of realistic integrator angldier electronic circuits. The
experimental studies have been performed on prototypatactuspecifically developed for

this study.

Experimental studies on the actuator blocked force frequessponse function allowed to
fit parameters to an electromechanical model that desdfileespen and closed loop base

impedance of the control units.

Experimental and simulation studies on the closed loop imagedance of the control units
were conducted to give physical interpretation of the messalosed loop control unit base

impedance.

Chapter 5 presented simulation and experimental results of studiea thin aluminium
panel and a honeycomb sandwich panel with decentralisedityefeedback control consid-
ering five decentralised control units with proof-mass tetetynamic-actuator accelerome-

ter sensor pairs.

The two panels are characterised by a very similar mass peanga, but the honeycomb

panel has a much higher static bending stiffness than timimilum panel. This results in
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considerably different fundamental resonance and a@csincidence frequencies. Both
simulation and experimental studies have been carriedasuh& two panels in order to

investigate the stability and performance of the contrstem.

In the experimental study the panels were either excitechar@cally by a shaker or by the
acoustic field produced by a loudspeaker. In the simulatimiysthese two excitations were
modelled as point force excitation and an acoustic planeeveacitation. The response of
the two panels to distributed stochastic ADF and TBL distndes was also simulated but

not investigated experimentally.

The results from the experimental study validated the satan results. The active panel
model used in the simulation study captures all importanampater. The effects that are
not captured in the model are the non-linear actuator dycsthat produce the broad band
damping with the open loop control units and also the conirot mounting resonance

which impose the stability limits for the control system tie honeycomb panel.

6.2 Conclusions

The results in this study show thdécentralised velocity feedback controbf a panel is
efficient in controlling the response of low order structureodes at resonance and also
in controlling the response of individual modes resonatih@coustic coincidence in the
mid and high audio frequency range. Decentralised veldeggback control is particularly
efficient on panels under TBL excitation where the structteggponse is dominated by low

order resonant modes.

The base impedance of the closed loop control unitsan be readily described by a basic
electromechanical model with a controller FRF. Therefore ttodel can be used to inves-
tigate new designs of both electro-mechanical actuatoretextrical controller in order to

optimise the stability and control performance properties

It was found that around the actuator fundamental resonémeeontrol unit base impedance
has a negative real part, which indicates a negative dangdfiegt. This results in con-
ditional stability of the closed feedback loop and contnllsver effects at frequencies
around the fundamental resonance of the actuator. Theatiiong showed that it is impor-
tant to include the controller FRF in the model in order to aapthe principal characteris-

tics of the base impedance of the closed loop control units.
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At high frequencies the response of the actuators is clarsetl by mounting resonance
effects which are not captured in the electromechanicalahdt was also found that the

response of the actuators built for the experimental studiaon-linear and depends on the
amplitude of the excitation at the base of the actuators.s@to characteristics are not

captured in the model, which assumes a linear response ealhmbunting conditions.

Lightweight sandwich panelscomprise a high stiffness-to-weight ratio and therefore ex
hibit lower modal density and lower convective and acoustioicidence frequencies than
thin homogeneous panels with corresponding mass per urigcguarea or correspond-
ing static stiffness. Therefore the structural respongk radiated sound power of stiff
lightweight sandwich panels is dominated by discrete rasbmodes over a wider range of

audio frequencies than for thin homogeneous aluminiumlpane

The results in this thesis indicate high potential for thelaation of velocity feedback
control to reduce the kinetic energy and radiated sound pofwiff lightweight sandwich
panels, which, due to the lower modal density, is efficiertoupid audio frequencies, while

for thin aluminium panels it was found to be limited to low auttequencies.

It has also been demonstrated that the high stiffness-tghiveatio of the sandwich panels
results in an enhancement in both the stability and the cbpérformance of decentralised
velocity feedback control systems compared with the casenwie control system is im-

plemented on a thin homogeneous aluminium panel.

The results in this thesis suggest that decentralised iglfe=dback control is efficient
in reducing the structural response and radiated soundrpaivetiff lightweight sandwich
panels in the low and mid audio frequency range. Therefatigeacontrol systems could
balance the poor sound transmission properties of ligigifwesandwich structures to such
extent that this would justify the additional expense anditaahal installed mass of an

active control systems.

6.3 Future work

In this section suggestions for future research on dedessidavelocity feedback control for
panels are summarised. The suggested research inclutiesy fexperimental and theoreti-

cal studies on the improvement of control stability and geniance.
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6.3.1 Suggested experimental studies

The stability of the velocity feedback control units withopf-mass electrodynamic actua-
tors and accelerometer sensors may be enhanced if moremggidting conditions for the
control unit components are realised. More rigid mountiogditions will shift the mount-
ing resonance effects further up in frequency and may alklmhigher feedback gains when
the control units are installed on stiff lightweight honegyth sandwich panels. This study
could also clarify whether the stability of the control ®rstis also affected by the cross-

section resonances of the honeycomb panel.

The stability of the velocity feedback control units studligere could be efficiently en-
hanced by applying an appropriate electrical compensaabicencels out the actuator me-
chanical resonance. Simulation and experimental studigbe closed loop responses of

the actuators should be conducted to development appt®goanpensator circuits.

An uncertain factor in the measured OL-FRFs is the differémt@een the output impedance
of the accelerometer signal conditioner and the output dapee of the analyser signal gen-
erator. This may have an effect on the output current perinjoiit voltage of the controller
board. This should be further investigated to yield a beiteterstanding of the dynamic

interaction of all electric circuits in the control loop.

The open loop response of the prototype actuators usedsistiinly has been found to be
non-linear. Further studies could investigate the closeg lcontrol unit response for low

base excitation levels and non-flat excitation spectra. é¥&w the effort to measure these
responses and to implement non-linearity in the electrohaeical response model may be
disproportionate to the expected benefits since the n@aiicharacteristics of the response

are only specific to the prototype actuator design invetdyan this thesis.

The simulation results for TBL excited panels gave intengstesults and it would be de-
sirable to design an experimental set-up to simulate TBL g@rnynalisturbances. One possi-
bility could be to emulate the pressure field produced by a TBtudbance using an array

of loudspeakers that can reproduce the TBL complex pressurelation function [54].

The AVC system could also be installed and tested on othestgp panels, i.e. different
types of honeycomb sandwich panels, and on other structii@esnore closely represent

lightweight car body or fuselage sections.

144



6.3.2 Theoretical studies

In this thesis a basic model was used to simulate the staleesponse of sandwich panels.
This basic model captures the principal characteristic sdindwich panel and was found
to be suitable in the scope of the presented comparativéestud more complex model,

considering near-field waves and the cross-section dyrsaomhihe sandwich structure, may

be needed for more detailed investigations.

In the simulation studies presented in this thesis, thelpavere ideally restrained along the
edges. For idealised mutually dual and collocated sengaator pairs the feedback control
loops are unconditionally stable regardless of the boynclamditions of the structure. This
may not be the case for feedback loops with practical aattssiesor pairs. Further studies
should be conducted to investigate the effect of flexiblenolamy conditions on the stability
and control performance of systems with practical actus¢oisor-pairs. The implementa-

tion of flexible boundaries in the elemental approach isioed in Reference [46].

For the simulation studies in this thesis the control gaiesenset to be uniform over all
feedback loops. The results showed that for decentraliskatity feedback control with
proof-mass electrodynamic actuators the feedback loopeo€tontrol unit in the centre of
the panel had the lowest gain margin. Further studies shiauttigate if the stability
and performance of the control system can be improved bwadfpvariations between the

gains of the individual feedback loops.

The optimal feedback control gain is a function of the chmastics of the primary dis-
turbance. It should therefore be investigated how-selisgnand self-tuning control units

could be implemented in order to design adaptive feedbackacsystems.

It may also worth studying the optimal actuator placementre@npanels in order to in-
vestigate how a given number of control units should be ibisted, i.e. if they should be
positioned randomly or in a regular pattern, if they showddenly distributed or arranged

in clusters.

Future generations of feedback control units with proosswectrodynamic actuators may
also implement control in more than one degree of freedone ddmtrol performance of
simultaneous transverse force and moment feedback couidvbstigated in simulation

studies considering feedback control on thin restraineariseand/or plates.

The above idea of multiple degree of freedom feedback mayabtcplarly appealing for
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the implementation of active boundary impedances closkd@tiges of restrained panels.
This type of control system could aim to replicate boundatiet emulate infinite panels

with minimal resonant response.

6.3.3 Component development

For further studies, although the non-linear responseettmtrol units have some advan-
tages, it would be beneficial to develop control units withrenlcnear response characteris-
tics. This would require the proof-mass suspension to besigded and also the actuator

manufacturing tolerances to be reduced.

The size and weight of future feedback control units couldeffectively reduced, par-
ticularly if microelectronic circuits were to be used fortlocal controllers and micro-
mechanical technologies were to be used for the sensorslsmiba specific components

of the miniaturised actuators.

Future research should also explore further the possilafimulti-functional control units
that can also be used for fatigue monitoring, power hamgsir provide other complemen-

tary functional features.

For all of the three points above, the involvement of indakpartners would be beneficial.
Firstly these partners could provide specialist know-howhigh precision manufacturing
of high quality transducers. Secondly they could help tcgpéndustrial requirements for

practical control units. This would push the applicaticadimess level of these control units

further towards practical industrial implementation.

This is desirable since active panel really are a promisiag w deal with interior noise in
aircraft and other vehicles particularly in combinatiorthwightweight honeycomb sand-

wich panels.
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Appendix A

Modal formulations for the response of

thin rectangular panels

This Appendix summarises the expressions used to deriveaheal frequencies, natural
modes and point and transfer mobilities of thin homogene&sntsopic panels; it is organ-

ised in two sections.

The first section describes how the panel point and transiéility terms are derived from
finite modal summations considering dynamic and residualahoontributions and how
these formulations are cast into vector and matrix expsasdb calculate point and transfer

mobilities for multiple points on the panel.

The second section gives the formulations for the geomeitricdynamic properties of thin
homogeneous isotropic panels and summarizes the relevanulations for the natural
frequencies, natural modes, and receptance terms forefiffeoundary conditions as given

by Gardonio and Brennan [47].

A.1 Panel mobility derived from finite modal expansion

The structural response of the panel model introduced in €h&pis expressed in terms
of point and transfer mobilitied; () which are derived from finite modal summation
[47]. In order to model accurately the response of a panelctmtribution of higher order

modes with natural frequencies beyond the observed freguemge must be taken into
account. Only then can near-field effects of point forces lmarbe modelled accurately.

This is of particular importance for the modelling of paneigh point control forces espe-
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cially if high feedback gains are applied such that the ¢butions of lower order modes is
largely cancelled. Simulation studies [23] showed thargdaumber of modes with natu-
ral frequencies up to 50 times the highest observation &eguare required to describe the
response of panels with feedback control forces adequdegumont [38] suggested that
the point and transfer responses on a structure can be a@dutom the sum of dynamic

and residual terms which implies that the mobility can beregped as

i/@j(w) = Jw <G~(dyni7j (w) + éresi,j> ) (Al)

WhereGdyn and Gml are the dynamic and residual point and transfer receptdreses
tween the panel locatiorisand;. The expansion formulation for the dynamic receptance is

given by

N(iyn

br (23, Y5) b (75,9;)
< M (w2 (1+jn) —w?)’

Gayn,,;(w) = (A.2)
where Ny, is the total number of dynamic modes considered in the suromat, is the

rth natural frequency and, (z;,y;) and ¢,(z;,y;) are therth natural mode at the panel
locations: andj respectively. AlsaV/ is the total mass of the panel. The dynamic recep-
tance is a function of the excitation frequengy it is therefore calculated for the entire
range of observation frequencies. Hence the computatedffat increases with the num-
ber of observation frequencies and also with the number p&ohic modes considered in
the summation. For modes with natural frequencies well alibe highest observation
frequency, only the stiffness and damping terms are of itapae for the response of the
panel, while the mass terms can be neglected. Thus the mxupahgon formulation for

the residual panel element receptance is given by

NT‘G’S‘

QST xzayz (Ijayj) (A 3)
resH - 2 . .
. deynﬂ (w? (1 +4n))

Since the term under the sum in the residual receptémg% Is independent of the excita-
tion frequency, it only needs to be computed once for eacklpacation, which can reduce
the computational effort. For convenience the formulaiéor the velocity response of a
number of locations on the panel can be cast into a vectatifredpression. For example

the mobility matrixY .. containing point and transfer mobility functions is given b
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Yee (w) = jw <é'ee,dyn(w) + é‘ee,res) . (A4)

Considering Equation (A.2), the dynamic receptance mafﬂrgggdyn(w) is calculated from
the diagonal frequency-dependent maﬂgyn(w) and the fully populated frequency in-

dependentb. 4, matrix of the dynamic mode shapes at the element centreigusitso

that
Geedyn(w) = PedynQayn (W) L4 (A.5)
The diagonal matrif)dyn(w) is assembled from the terms
. () = - , (A6)
! M (w? (1+ jn) — w?)

where the mode index ranges fromr = 1 to the maximum number of dynamic modes
7 = Nayn- Thereforeﬂdyn(w) is a square diagonal matrix with dimensidng,,,, X Ny |.
The matrix of dynamic natural modes at the element centratimus ®. 4, is assembled

from
(I)i,rdyn = ¢r (xia yz) ) (A7)

where the mode index ranges fromr = 1 to the maximum number of dynamic modes
r = Ngy,, and the element indexranges from = 1 to: = N, to yield ®. ,4,,, as a matrix of
dimensiongN., Ng,,]. The residual receptance matﬁ}gwes is calculated from the diago-
nal frequency-independent residual maffix., and the fully populated residual modeshape

matrix ®. ;s

Gee,res = (I)e7resﬂres¢T (A8)

e,res’

where the residual matri®,., is assembled from terms

. 1
B = @A) (A-9)

Here the mode index ranges fromr = (N, + 1) to the maximum number of residual
modes considered = N,... Therefore(l,.. is a square diagonal matrix of dimensions

[(Nyes — Nayn) X (Nyes — Nayn)]. Analogous to equation (A.7) the natural mode matrix
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®. .., is assembled from the terms
¢Z'7"'7“63 = ¢7' (x'ﬂ yl) I (A'lo)

where the mode index ranges fromr = (N, + 1) to the maximum number of residual
modes considered= N,., and the element indexranges from = 1 to [V, to yield ®. .,

as a matrix of dimensionsVe x (Nyes — Nayn)]-

A.2 Formulations for the natural frequencies and modes

of thin isotropic panels

In this section the formulations for the natural modes, ratirequencies and modal ex-
pansion terms for the point and transfer receptances oféaitangular panels used in this

thesis are summarised [47, 48].

A.2.1 Definition of panel geometric and dynamic properties

The geometric and dynamic properties of the panel are gisen a

e Panel surfacel, [m?]:

Ay =L, (A.11)

e Panel mass per unit area’” [kg/m?]:

m" = ph, (A.12)
e Panel mas3d7 [kg]:
M= Am", (A.13)
¢ and bending stiffnesB [N m]:
b= 12(15?:2)’ (A.14)

wherel, andl, are the panel dimensions inandy-direction, . is the panel thickness. Also

p, E andv are the mass density, Young’s modulus and Poisson raticeqfahel material.
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A.2.2 Natural frequencies and modes

The natural frequencies. [rad/s] for rectangular plates for any type of boundary avery
by [48]

B [(7\°
wr(m,n) = i\ qr(m,n) (A.15)
where the factog, (m, n) is given by
L L’
olme) =[G+ G () +2(F) WHH, + 0=, (A16)
Yy Yy

The constants/, H, J are given in Table A.1. The mass-normalised modeshages, n)

are given by

Gr(m,n) = Gmon (A.17)

where mass-normalised characteristic beam mode functicare given in Table A.2. It
should be noted that Equation (A.17) is an approximatioressithe panel is pinned a at

least two opposite edges.
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Table A.1: Constants for the the variablés H andJ for plates with pinned, clamped and free boundary
conditions on each edge; taken from [47].

Boundary
conditions

G H

n

P-P-P-P

(all side pinned)
w(0) =0
w”(0) =0
w(L)=0
w”(L) =0

1,2,3,... n n? n?

C-C-C-C

w(0) =0
w'(0) =0
w(L) =0
w'(L) =0

(all side clamped)

1.506 1.248

2,3,4... (n+3)" x [1 - i)

N[ —

n +

F-F-F-F

(all sides free)
w”(0) =0
w”(0) =0
w”’(L)=0
w"(L) =0

even

rocking 12/m?

1 1.506 1.248 5.017

2,3,4... "t (n+1)?

x[1

(n+3)°
x |1+ iy

N[ —

Note that the first values for in Table A.2 can be determined using numerical root-finding

methods, where it is important to yield results with a higegision. For values larger than

10 the numerical methods can fail to determine the rootsecty: Fori greater than 10y;

is given by

and as

respectively.

o= WU o (1) — tann (2) =, (A18)
Vi = (i _2 Dl for tan <%) + tanh (%) =0 (A.19)
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Table A.2: Characteristic beam functions for a plate withngid, clamped and free boundary conditions on
all edges; taken from [47].

c%‘miﬂﬁ ¢135..(7) with i = (n +1)/2 $2,4,6...(x) With j = (n/2)
P-P-P-P
(all side pinned)
w”’(0) =0 n(w) = V2sin (l—>
w(L) =0
w//(L) — 0
C-C-C-C

(all side clamped)
w(0) =0 Pn(z) = \@{COS Vi (% —
w'(0) =0 +Fky, cosh

w(L) =0

w'(L) =0

D=

N[ =

Vi

&=

)H On(z) = \/i{sin [[% (i _ %)]}
) } +ky, sinh |~; (%_%) }
by = 2n(3)

| .
= s (F) b= - 2)

2

2

with

tan (%) + tanh (%) =0

F-F-F-F

(all side free)
"(0) =0

Z”/((O)) -0 ¢even(x) =1

w//(L) — 0

w///(L) — O

(brocking(x) = \/5(1 — 2;6)

on(e) = V2 {eos [ (£ = 1)] | dule) = v2{sin [ (£ - 1)
+k;, cosh [[’yi (% — %)}}} +k,, sinh [[fyi (% — %) }

_ Sin(ﬁ) - sin (%)
fn = sinh (22i ) k o (,\%)
with

with

2

tan (%) + tanh (%) = 0 tan (3) — tanh () =0

N
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Appendix B

Formulations for kinetic energy and

radiated sound power

This Appendix gives the formulations for panel kinetic eyyeand radiated sound power for
deterministic and stochastic excitations. The formutatiare derived from first principles

and then cast into modal and elemental approach formukation

e Section B.1 introduces the notation for the time-harmoniciteion and vibration

velocity response of a rectangular panel.

e Sections B.2 and B.3 derive the panel response and soundead@at panels under
deterministic excitation in terms of total panel kineticcegy and total sound power

radiated.

e Sections B.4 and B.5 derive the panel response and soundead@at panels under
stochastic excitation in terms of power spectral densaigstal kinetic energy and

radiated sound power

B.1 Notations for the time harmonic response of the panel

First the notation for the time-harmonic excitation andation velocity response of a rect-
angular panel, as shown in Figure 2.1 are introduced. Thégioa is then used to derive the
formulations for the panel structural response and soudi@tian for time harmonic and
stochastic disturbances. Assuming time-harmonic bebavad the form Re{exp(jwt)},

wherew is the angular frequency and= +/—1, the transverse force excitation and the
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transverse velocity response of a panel can be expressed as

fa,y.t) = Re { fla.y.w)e |, (B.1)

w(zx,y,t) = Re {ﬁ)(x,y,w)ej“’t } , (B.2)

where f and w are frequency-dependent complex phasors of the force andelocity

response.

B.1.1 Modal formulation

The time-dependent velocity response, can be expressedms of the following infinite

modal summation

(@, y, {Zﬁwwmaém} (B.3)

whereg, (z, y) is the modeshape of theth natural mode and, (w) is the complex modal

velocity. Thus the complex frequency-dependent velo@gponse is given by

w(r,y,w Z@« , y)ay (w (B.4)

The frequency-dependent complex modal velocitigs)) can be expressed as the product

of a resonant term and a modal or generalised excitation term

i (w) = O Fr(w). (B.5)

Considering a hysteretic damping model, the mass-norndalesonant term is given by

< jw
R TATE (T (50)

wherew, is ther-th natural frequencyy is the modal damping loss factor aid, is the

modal mass for the-th natural mode, which is given by
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lz ly

m:m/!mmm%m% (B.7)

where p is the panel mass density andis the panel thickness. If the panel is simply

supported, the natural modeshape functipfx, y) can take the form

or(z,y) = 2sin (mzﬂx) sin (nﬂrg) (B.8)

x ly

where,m,. is the modal order in the-direction and, is the modal order in thg-direction
for ther-th mode. In this case/, = phl,l, = M, where) is the total mass of the panel.

The corresponding modal excitation term is given by

I ly
Fw) = [ [ o) fagw)dody (B.9)

0 0

Mode truncation

If the modal summation in Equation (B.4) is truncated to the saver the firstV-modal

terms, so that

N

d(xvyaw) ~ Zgbr(x,y)gzr(w), (BlO)

r=1

after substituting Equation (B.5), the velocity at an adigrpoint of the panel can be cast

into the following matrix form

w(z,y,w) =da=>dQF, (B.11)

where

Q= (B.12)

is a diagonal matrix containing the firdt resonant terms from Equation (B.6),
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®=| Gi(r.y) dalay) - dnlay) | (B.13)

is a row vector containing the firs{ natural modes,

- B 5 B T

a:[al Gy - aN} 7 (B.14)
is a column vector containing the firdt modal velocities and

~ B 5 ~ T

Fz[E Py FN} (B.15)

is a column vector containing the firdt modal excitations. Note that the modal formulation

involves the evaluation of the spatial integrals in EquatiB.9).

B.1.2 Elemental approach

In the elemental approach the panel surface is subdivideduniform grid of vV, panel
elements of dimensiond&z x Ay. The element excitation and response is defined at the
element centres. This allows the integration over the pdin@nsions in Equation (B.9) to

be replaced by a finite sum over element contributions to give

Ne
Fr(w) ~ Z¢r(xia vi) f(wi, yi,w) Az Ay. (B.16)
i=1

Therefore a vector of complex element velocities

_ B 5 _ T
We = | e, Wey -++ Wey, (B.17)
can be derived from equation (B.11) as follows
We(w) = ®.a =8 Q0 F, (B.18)

where®, is a [V, x N] matrix with N, rows each containing the fir&f natural modes at

the centres of the panel elements
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¢1(r1,90) - N (21, 1)
o, = : : (B.19)

¢1($Ne7yNe) ¢N($Ne7yNe)

andF. is the N.-dimensional vector of discrete excitation forces at thetres of the panel

elements

=Skl

k., F, (B.20)

€ENe

The approximation of the surface integrals in Equation (By)he sum over element con-
tributions simplifies the analysis of panels with arbitrapundary conditions and arbitrary
spatial excitation fields that lead to complex mode funciand complex pressure distribu-

tion functions that should be considered in the integralgndion (B.9).

B.2 Time-averaged total panel kinetic energy

The instantaneous total kinetic energy of the panel is gbyetne product of the panel mass

per unit area and the squared panel velocity integratedtbegranel surface [19]:

lz ly

1
= 5//p (x,y,t)dx dy, (B.21)
00

wherel, and!, are the dimensions of a rectangular panel inztend they-directions,ph
is the panel mass per unit area an@:, y, t) is the transverse panel velocity. Assuming the

panel mass per unit area is constant, Equation (B.21) cambétem as

lz ly

h
:%//w x,y, t)dx dy. (B.22)
00

The time-averaged total panel energy is given by [67, 68]:

le ly
-3/,
2
0 0

N[ =
\ﬂ

(x,y,t)dt dx dy (B.23)
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whereT' is a suitable period of time over which the mean square viglaxestimated; e.g.
for time-harmonic vibration 7" is the period. Assuming time-harmonic vibration as given
in Equation (B.2), the time-average integral can be rewritteterms of the magnitude of

the complex panel velocity(z, y, w) to give

T
1 ) 1, - 2
T /U}Q(ZE, y7t)dt = 5 ‘U)(I7 yaw) ) (824)
0
which yields the time-averaged total kinetic energy of taaql as
la: ly
E=FEWw)= %// !u?(:v,y,w)ﬁdmdy. (B.25)
0 O

B.2.1 Modal formulation

Using the vector notation for the truncated modal summatiaihe transverse velocity of
the panel given in Equation (B.11), the total panel kinetiergg in Equation (B.25) can be

rewritten as

lz ly
h 3
Ew) = pz//aH ) @7 ® a(w) du dy,
00

= 2w / / O ® di dy A(w), (B.26)

where!’ denotes the Hermitian transpose. The orthogonality ptppgres

lz ly

/qﬁr(x, Y) ds(z,y)dedy =0, r#s (B.27)
00
and
lo ly
[ [ teww ey =i, (B.28)
00

wherel, [, is the total surface area of the panel. Thus the integrattenthe panel surface
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in Equation (B.26) results in

ff¢1¢1 : ff¢1¢N ng
Bw = 2 & & o ]
ff¢N¢1 . ff¢N¢N gLN
L1, ay
- 2l & & , (8.29)
] L, | | aw

i
phlyly [ - . .
E(w) = 4 . aq an
QN
M - _
- z:;lH(w)ael(w), (B.30)

whereM represents the total mass of the panel.

B.2.2 Elemental approach

In the elemental approach the spatial integral in Equaio®5) is replaced by a summation

over a grid of elements to give

Ew) = p—z B (T, Y )

(B.31)

where A, and M, the area and mass of a single panel element. Using the mataxian

for the element approach in Section B.1.2, Equation (B.31)eanritten as

160



Me Tk ~ %
E(w) = 4 wl wNe]
Wy,
M. - _
= W (W) We(w). (B.32)

B.3 Time-averaged total radiated sound power

The instantaneous total sound power radiated is given bgribduct of panel velocity and

acoustic pressure on the panel surface, integrated ovdirttensions of the panel [19]:

lz ZZU

P(t)—//w(x,y,t)p(x,y,o,t)dxdy, (B.33)
0 0

wherew(x,y,t) is the panel velocity angd(z, y,0,t) is the surface sound pressure on the
radiating side of the panel. The time-averaged total radiabund power is given by [67,
68]

lo ly T

— 1
P = //T/w(x,y,t)p(a:,y,(),t) dt dz dy (B.34)
00 0

whereT' is a suitable period of time over which to estimate the meahatad sound
power. Assuming time-harmonic vibration, the time-averagegral can be rewritten in

terms of the complex panel velocity(z, y,w) and complex surface pressure fluctuations

ﬁ(x7 y? 07 w)

la: ly

P=Pw) = //Re {u}*(ac, y,w)plx,y, O,w)} dx dy. (B.35)
0 0

DO | —

The complex surface pressuier, y, 0, w) for time-harmonic vibrations of a planar surface

is given by the Rayleigh integral [19]
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la: ly

. Jwp ~ e
Pz, y,0,w) = 5 0//w(fc',y',w)

/e
0 0

—jkoR

R

dx’ dy’ (B.36)

whereR = /(z — 2/)% + (y — y/)? is the distance between two points on the pahels
the acoustic wavenumber in the surrounding medium @ns the mass density of the
surrounding medium on the radiating side of the panel. Thbstguting Equation (B.36)

into Equation (B.35) gives

~ 1 - —jkoR
w(ﬂc,y,w)*m//w(w’,y’,w)e 7 dx dy dz" dy’
0 0

ly
0/
P (kR) (kR)
w cos( — jsin
B ////j%fo[ Rj } Y,y w) w(ay w) de dy da dy
0O 0 0 O
l /l
0

<

in(kR) -«

W (2, y,w) i(z’, Y, w) da’ dy' dz dy

o\\
=y

*po sin(kR) ~«
= dren z,Yy,w i yw T ay axr dy )
i //// ,ﬂ(R)( w) (e, y,w)de' dy dx d (B.37)

B.3.1 Modal formulation

Substituting the modal expression for the transverse itglot Equation (B.4) into Equa-

tion (B.37) gives

lo by Iy Uy

w? sin(k - .
Pw) = 47£2//// ,y)arZqﬁs(x’,y')asdx’dy'dxdy
s=1

r=1

_ ia” "0////@ )22 oyt ay dwdy (B.38)

47‘(‘6
r= 15 1

Considering the vector notation for modal truncation to th& fV terms in Section B.1.1,

Equation (B.38) can be cast in the following matrix formwat{19]
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A o Ay ay

AN,l AN,N an

— a'Aa (B.39)

whereA is the power transfer matrix with the elemerts, given by
Iy by Iz Iy
koR
Ao =2 [ ][ [ onto 008 gy ay oy, (8.40)
s
0 0 0 O
B.3.2 Elemental approach

In the elemental approach the spatial integrals in EqudBo87) are replaced by summa-
tions over the uniform grid of panel elements. Accordindgw® motations defined in Section

B.1.2, this gives

w ,00 sin( kRZ -

which can be cast in the following matrix expression

Py = [& || 1 5 (B.41)
= W Ry (B.42)

wherew, denotes the vector of element velocities given in Equatii?) andR.,., de-

notes the element radiation matrix with the elemeiyts;, ; (w) given by [19]:

w2pgA§ sin (k’oRiJ’)

B.43
47TC() kORi,j ' ( )

Rradm' (w) -
where the diagonal terms of the radiation matkix (w) reduce to
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w?pg A2

Rradi,i (Cd) = (B44)

47'('60 .

Note that the radiation matrix is proportional to the raidiatresistance matrix, i.e. propor-

tional to the real part of the radiation impedance matrix

Ryaa(w) = %Re {Zraa} (B.45)

where the elements of the elemental radiation impedancexn¥at,, are given by

- jwpoA, e IR0l

Zradi,j (w) = o Ri,j (846)
B.4 Power spectral density of total kinetic energy
It can be demonstrated [11], that the power spectral deaSityt) is given by
Spz(w) = lim E FX*(M)X(M)} : (B.47)
T—o0 T
whereX (w) is the finite Fourier transform of (¢):
T
S X(t)e 7 dt (B.48)
2m

0

andE[ ] denotes the expectation for an infinite sample length. Thosidering the general
formulation for the instantaneous total kinetic energy quétion (B.21), the power spectral
density of the total kinetic energyz, due to a time and spatial stochastic disturbance over

the panel surface, can be written as [67]:

//ph lim E {—w (z,y, w)w(z,y,w)| dzdy, (B.49)

T—o00
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B.4.1 Modal formulation

Substituting the modal expression for the transverse itglo€ Equation (B.4), into Equa-

tion (B.49) gives

Sp(w) = 2//ph lim F
o0 T—o00

l:v ly

=5/ [ S5 6, (@, )s(a.y) lim E[;a:wasm] dudy. (B.50)
0 0

% Z or (T, y)a (w) Z os(z, y)fzs(w)] dx dy
r=1 s=1

r=1s=1 T—o0

Assumingph=constant and considering the orthogonality conditionEguations (B.27)
and (B.28) results in

ly

ly
Se) = 5oh 33 [ [ onleonte.n)S,adedy

r=1 s=1 0 0

Ly

l:l:
J— )
= 5ph Z//@(fv,y) dx dy Si,a,

r:lo 0

M o0
= 3 Z S a, (B.51)
r=1
wheresS,, .. is the power spectral density of modal velocities

S (6) = i B | 20| = 1 B | L] @s2

T—o0 T—o0

and )M is the mass of the panel. Substituting Equation (B.5) intodEqu (B.52) gives

Suac (@) = T B | L0F @0 ) )]
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Substituting the formulation for the modal excitation terim Equation (B.9) then gives

- l ly
N 2
Sira, (W) = |2 (w)] lm E 1/ o (z, y) (z,y,w dxdy//q» x Y w) dx’ dy’
0 0 0

T—o0

[ [ ooy t E[%f*(x,yw)f(x',yxw)} da dy da’ dyf
0 0

/ / br(2,) 602", Sy, o' o o) dy de’ (8.53)
0 0

whereS;;(z,y, 2',y,w) is the cross-spectral density of the stochastic distudsaeeveen
positions(z, y) and (z’,y’), which can be expressed as the product of the power spectral

densityW (w) and the spatial correlation functi@i(z, v, 2, /', w) of the disturbance so that

Sir(z,y, 2,y w) = U(w) Clz,y, 2",y ,w). (B.54)

Both the power spectral densifiy(w) and spatial correlation functiofi(z, y, 2/, 1/, w) are
specific properties of the disturbance. Formulations teatdbe the the spatial correlation
functions for ADF and TBL excitation are given in Chapter 2, t®et2.1.2. Substituting
Equation (B.53) back into Equation (B.50) gives the final egpi@n for the power spectral

density of total kinetic energy due to a disturbance whictaghastic in time and space as

lz li’/ lz ly

’2////%:61/ or(2',y) Spp(m,y, 2’y w)de dy da' dy'. (B.55)
00 0 O

B.4.2 Elemental approach

According to the notations in Section B.1.2, the spatialgraein Equation (B.49) can be
replaced by a summation of element contributions, so tlepthver spectral density of the

total kinetic energy due to time and spatial stochastiaidistnces is given by
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1 .
Sp(w) thA Tlgr;OE {fw (@i, yi, w) W24, yi, W) (B.56)
where A, denotes the area of a single panel elementafd, y;,w) is the transverse ve-
locity of thei-th element. Using the vector formulation for the elemewsddcities given in

Equation (B.18) the expression for the power spectral dgbsitomes

Splw) = fjhmE[l @) i)

T—o00

w1
Me . . Tk Tk
— Ttr(zce ,I}E;EOE T : [wl wNe :|
Wy,
= = (hm E { W VNVfH)
2 T—00
= %trace ( lim F [ '1> ééH'@ZH>
2 T—o0
M, ~
= —trace (<I> lim F [ [aaH” <I>€T)
T—00
M,
= 5 trace <‘1> Saa ) , (B.57)

whereS,;(w) is the [V x N] matrix of power and cross-spectral densities of the modal

velocities. According to Equation (B.18) the vector of modalbcities is given by

a=Qo’F,, (B.58)

thusS,.(w) can be written as

1 ~ -~ ~
= lim E [—QH@ZFeFf @69]
T—o0 T
~ 1~ =~ ~
= Q&7 lim F {—FFH} & 01
T—o00 T

= Q®'S;; (w)®. Q7 (B.59)
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WhereSfefe (w) is the [N, x N.] matrix containing the power and cross-spectral dengities

the element excitation forces, which has the form

Sf17f1 Sf1

JNe
Srr=| &+ . (B.60)
5’fNe,fl T SfNe7fNe
with the elements

as defined in Equation (B.54). Substituting the final expoessi Equation (B.59) back into
the Equation (B.57) gives

M, o .
Sp(w) = 5 trace ((I’e QOIS (w)®. Q7 P, )
M, o i
= 5 trace (YeeSfefe (w)Yi) : (B.62)

whereY,, = <I>6QQ>GT is the [V, x N.] matrix of element point and transfer mobilities.

B.5 Power spectral density of total sound power radiated

Considering the general formulation for the instantaneota tadiated sound power given
in Equation (B.33) and considering the relationship for thectral density given in Equa-
tion (B.47), the power spectral density of the total soundgrawdiated due to disturbances

which are stochastic in time and space is given by

T—o0

lo by
Sp(w) = Re {// lim £ [%ﬁ}*(x,y,w)ﬁ(x,y,(),w)] dxdy}. (B.63)

Substituting the Rayleigh integral expressiongor, y, 0, w) from Equation (B.36) gives
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B.5.1 Modal formulation

W (z,y,w)i (Y, w)

} dx’ dy' dx dy} . (B.64)

Substituting the modal expression for the transverse itglo€ Equation (B.4) into Equa-

tion (B.64) gives

Ly ly 1y Ly .
jwp e Jholt
Sp(w) = Re 27r0 / 7ﬂh_r}r;oE Z(br z,y)a Z¢S z'y ) as(w d:(;dydx’dy’
000 0
l:z‘, lf’/ l.T lf’/ 0o 0o . -
= Re Jwpo ////ZZQB (x y)ﬂqb (z',y) lim E | =, (w)as(w), | dzdydz’ dy
27[_ — —~ T S ’ P00 T r S 7-
00 0 0 "T57
l.’IJ l?/ l’l‘ ly k R
e —Jko -
= ZR@ ];Jpo////¢r(a:,y c 7 ¢s(2',y) Sa,a.dedyds’ dy' 3 (B.65)
m
r=ls=1 0000

where S, ;. denotes the spectral densities of the the modal velocit®sbstituting the

formulation for the modal velocities of Equation (B.5) gives

Sepa, (W)

(B.66)

Substituting the formulation for the modal excitation terim Equation (B.9) then gives
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ly

. Iy
Saa, (W) = QT(M)QZ(UJ) lim F %//gﬁr(:v y) (z,y,w)dx dy//d)s x Y w) da’ dy’
00 0 0

§
=
&
=

T—o0

= 0,@%W) 0/ 0/ O/ 0/ @) 0u(e'y) i B | o) S/ )] oy

8
<
8
—
<

I
joll
5

(@)@ () / / / / 60 (2) do(a’s ') S5 (2, 2" w)dee dy d’ (B.67)
0O 0 0 0

Finally, substituting this expression for the spectralsiigrof the the modal velocities back

into Equation (B.65) gives

<
—
V2l

—

—jk‘oR
Jwpo / / bs(2',y') da dy da’ dyf

~
8
~
<d
~
8
~
<

X
o\
o

/@x y) ¢s(2’, y)Sff(ac y, 2’y w)drdyda' dy 3. (B.68)
0

B.5.2 Elemental approach

Replacing the spatial integrals in Equation (B.64) by a finilmsation over all panel ele-
ments gives the following expression for the power spedakity of the total sound power

radiated due to disturbances which are stochastic in tirdespace:

A Ne ALY 1+« -
Sp(w) = jwpo ZZ c lim £ {—w (:pi,yi,w)w(:pi,yi,w)]
i=1 j—=1 i,j T—o00 T
Rrad1’1 o RradLNE 'le

TS

i RradNeyl e RMLdNEJ\;e UT)NE

1 ~ ~
— 2 lm E|=w. Rmdwel, (B.69)

T—00 _T
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whereR.,.4 is the elemental radiation impedance matrix as defined irafps (B.43) to

(B.46). Equation (B.69) can be rewritten to give

1 - -
Sp(w) = 2trace(lim E [Tv'vev'vamd}>

T—o0

1 ..
— 2trace ( lim E {? P, a4 o7 RmdD

T—o0

— 2trace (@e Sy @7 Rmd> , (B.70)

where the [V x N] matrix of power and cross-spectral densities of the modkiaitiesS,,,

is derived in Equation (B.59), so that:

Sp(w) = 2trace [@efl@z S, /. @eQH@Z,T]Rmd)

— 9trace ([Y S, ;. YH} Rrad> , (B.71)

whereY,, is the [N. x N.] matrix of element point and transfer mobilities aﬁgfe is the
matrix containing the power and cross-spectral densitidbeelement excitation forces

given in Equation (B.60).

171



Appendix C

Formulations for the base impedance of

proof-mass electrodynamic actuators

This Appendix provides the derivation of the open and cldeeg base impedance for
current- and voltage-driven feedback control units, whiady apply to the structure at the
point where they are mounted. The open loop response funsctio single feedback loops
and decentralised multiple input multiple output (MIMOg&back control systems are then

formulated using the expressions for open and closed lomate base impedances.

Figure C.1 shows the standard block diagram which is normedd to describe the re-
sponse of a structure with a multi-channel feedback cosysiem, as discussed in Refer-
ence [45] for example. In this block diagram the matriGsontain frequency response
functions between the error/monitor sensors and the dfmtiroary excitations including

the control unit passive responses wifi[ég) contains solely the control functions.

F—36G, G ——w

G G W

cp cc c

— (| e—

I orU

a

Figure C.1: Block diagram of the multi-channel velocitgéback control system, with the system plant
responsés containing the panel response and also the control unitrdigsa
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Figure C.2 shows the alternative block diagram proposedsrstidy, where the frequency
response functions in the matric¥sdo not include the passive effects of the control units
which are instead included in the feedback loop viaZhéy) matrix, which contains the
open and closed loop base impedance of the control unitss Adtation gives a better
insight into the system dynamics since it formally sepa#te dynamic properties of the

structure under control from the dynamics of the controtsuni

— I I P —
)
F,

cp cc c

yAR—

-Z,(g)K—_

Figure C.2: Block diagram of the multi-channel velocitedéback control system, with the plant response of
the panelY and the base impedankg (¢) of the control units.

C.1 Base impedance with general actuator force

The force balance for the control unit shown in Figure C.3 aaexpressed by the following

set of linear equations
fc:_<~s+ ~m1> 12c+2512)m2+fa (Cl)

f~m2 - ZSQI)C - Zs&]mg - fa' (CZ)

In these equationg, = ¢, + ks/(jw) is the actuator suspension impedance, wiigrend

¢, are the mechanical stiffness and damping coefficient of thefpmass suspension. The
suspension damping coefficient combines mechanical daygffects, viscous damping
effects due to fluid flow in the air gaps and Eddy current dagpihich is due to the relative
velocity between the conductive actuator parts which aeehed to the structure and the
magnetic field of the actuator permanent magnet. The t&gm = jwm, represents the

mechanical impedance of the actuator mounting maswhich, in this model, is assumed
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Figure C.3: Actuator schematic view.

to be rigidly attached to the structure and includes botfatiteator base mass and the mass

of the control sensor. Alsaj, is the velocity of the structure at the point where the cdntro
unit is mounted and,,, is the velocity of the actuator proof-mass. f. is the effective
control force acting on the structurﬁn2 is the force acting on the actuator proof-mass

and f, is the force developed by the actuator voice coil motor. Téleaity of the actuator

proof-mass is given by

Wmy = Zr;;fﬂ’u? (C3)

whereZ,,, = jwms is the impedance of the actuator proof-mass. Substitutingafon
(C.3) into Equation (C.1) and (C.2) gives

m ) e+ 22 fna + o (C.4)

Jiz = Ztioe — 2323 fing — [a- (C.5)

The force on the actuator proof-mass can therefore be wiatte

Frns = (1 + ZsZm;)_l Z b, — (1 + ZSZm;)_l f. (C.6)

Substituting Equation (C.5) into Equation (C.4) yields thatool force f. as
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+ [1 ~ 7.7 (1 T Zj;;)l} . (C.7)

C.2 Control current

In the case of a current-driven voice coil, the forgeproduced by the voice coil motor is

given by

fa = \D[aa (C8)

whereV is the transducer coefficient of the voice coil-magnet syst@d/, is the current

through the voice coil. In the case of velocity feedback marihis current is given by

é\u
I

_[:[(g)zba

= —Cyuw., (C.9)

Whereﬂ(g) = (g is the feedback control function, which is given by the prcidof the
gain-normalised frequency response function (FRF) of theroler C' and the feedback
gaing. For ideal proportional velocity feedback the controll&FH-is unity for all frequen-
cies, for integral feedback (displacement) ®y= 1/(jw) and for differential feedback
(acceleration) by = jw. Substituting Equations (C.8) and (C.9) into Equation (CH®, t
control force can be expressed in terms of a passive and iag actuator base impedance,

so that

Cc

fc = - [Zpassive,f + Zactive,[ ég

Sa

+
+ <\If Cyg (1 ~ 7,7, (1 + ZSng)_1>)} W,. (C.10)
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Rewriting Equation (C.10) gives

S 72 - Z,
Zimy + Zs Zimy + Zs

From Equation (C.11) it can be seen that in the limiting caaettie proof mass:, of the

W,. (C.11)

actuator tends to zero, the base impedance of the actudiara® to the impedance of the

actuator mounting mass,,,

= — W (C.12)

fC lim mg—0

Also in the limiting case that the proof-mass tends to infinihe base impedance of the

actuator reduces to

Felimms o = — [(Z v Zml) v \Ifé'g] . (C.13)

With increasing frequency the impedance of the mountingsmasecomes the dominating
term in Equation (C.11). This will limit the frequency rangeso which an active control
force can be applied. The mounting mass of the actuator should therefore be as small
as possible. The performance of the actuator increasesmitbasing actuator proof mass

ms, Which should therefore be as large as possible.

C.3 Control voltage

In the case of a voltage-driven voice coil, the forteproduced by the voice coil motor
can be derived from the relationship between the curreatdtlving voltage and the back
electromotive force (backmf), which is generated by the relative motion between the

magnet and the coil

Zoly = Uy — U(th, — tpy), (C.14)

whereZ, = R.+ jwL. is the electrical impedance of the the voice coil motor wlid voice
coil resistance?, and inductancé... Rearranging Equation (C.14) fé; and substituting

Equation (C.8) gives the force produced by the voice coil maso
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. wU, 0 . -
fo=10I, = ZU — (e = ). (C.15)

Assuming velocity feedback, the driving voltage is given by

U, = —Cqu,, (C.16)
so that
_ UCg - W2 . N
fo=— ngwc - 5 (e = ). (C.17)

Since the force produced by a voltage-driven voice coil mdepends on the backn f
force, which is a function of the difference between the mantelocity w, and the ve-
locity of the actuator proof mass,,,, the force balance in Equations (C.1) and (C.2) is

reformulated to give

~ - N+ - UCg . V2. W
fc - - <Z8 —|— ml) ’lj)c + stmg — ?gwc _— Tu')c + Tu')mQ (C18)
Ze Ze Ze
. S s UCg . U. W%
fm2 - stc - stm2 + 79100 + TU'JC - Z—wm2 (Clg)

Substituting the expression for the velocity of the actuptoof mass in Equation (C.3) in
to (C.18) gives

_ L - Ulg - W2. W2

[ — (Zs n Zml) W + ZuZ5 s + T% — et 72,;;fm2 (C.20)
. - vCg . W2 W2
o = Zathe— ZuZ5 g + 7% T 7106 - 72;1; Fns- (C.21)

€ € €

The force acting on the actuator proof mass can thereforeittenvas
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D (C.22)

fc - _<Zs+Zm1 7Lc
o o 22 Nt
25 Z (1 + Zs Ly + 72;;) Zs,
- - oo W N\l -
A5 Zmy (1 L Ly + TZ;;) =0,
Ze €
2 -1 g2
+Z, 7, (1 + 2,2, + \I}TZmi) Y w,
\Ifég ~
—_— — wc
Ze
w2
——,
Ze
U2 S W N
+7Znié (1 + L Ly + 72;;) Z
'z o WP\ Uy
+—Z,! (1 + ZZ)k + TZ;;) 9,
ZC € Z(:‘
w2 W\ TR
+—Z) (1 + Z, 2, + 7ng> = W (C.23)

Rearranging Equation (C.23) and combining the passive arattive terms, which contain

the feedback control function, results in
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fc = - [Zpassive,U + Zactive,U C~1g:| UZC

We. (C.24)

For the limiting case that the proof mass of the actuator tends to zero, the base impedance
of the actuator reduces to the impedance of the actuator tlin(‘;urmassZm1 which is the
same as in Equation (C.12). In the limiting case that the pnoags tends to infinity, the

base impedance of the actuator reduces to

. AR A
fc lim mg—oc0 = = |:<ZS + Zm1 + 7) + Cg ?:| We. (C25)

€ €

To produce a control voltage signal from a voltage sensoradig is necessary to use a
voltage amplifier. An ideal amplifier of this type has an in#nnput impedance and a zero
output resistance.

C.4 Openloop response function for single channel control

The open loop response function for a single control chacaal be derived from the

velocity response at the control position in absence of @nynexcitation

e = Yef (C.26)

whereY, is the point mobility of the structure at the control positiofhe control forcef.

is given by

fc - _Zpassiveu?)c - Zactive ég UT}C (C27)

Substituting Equation (C.27) into Equation (C.26) gives
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wc - _ﬁZpassiveJ]c - ﬁZactive é.g 12]6 (C28)

As discussed previously, both passive and active impedamotions depend on the type
of control signal that is used, i.e. if current or voltage upglied to the voice coil motor.

Assuming an input current proportional to velocity= —C g w., Equation (C.28) gives

wc = _f/;Zpassive]'J]c + KZactivtea- (ng)

The open loop frequency response functiénfor a single current-controlled feedback loop

with unit feedback is given by

r ‘Cé Y/cZac e C
iy = Yer o fefactive 7 (C.30)
a 1 + chassiveI
which is
) }éw<L—~Z~)
H=— ZmﬁZSZz : (C.31)
Similarly assuming a velocity proportional input voltagé, = —C g w. the open loop
response function for a single feedback loop is given by
0l ViZuieesC
HU — SC — (& ~ac~weUC 7 (C32)
Ua 1 + Y; passivey
which is
- 7o+ 2
Y,.C £ (1 —~ L%)
~ € ZnL2+Zs+7
Hy = - (C.33)

1+ﬁ<Z+Zn+W_(%§f>

! Z~e ZmQ“FZs‘i’%
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C.5 Open loop response for multi-channel control

The open loop response function for a decentralised miéiirnel control system can be
derived from the velocity responses at all control posgionthe absence of primary exci-
tation

w. = Y,f. (C.34)

wherew. is the [V. x 1] vector of control point velocitiesy, is the [V. x 1] vector of
feedback control forces an¥.. is the [N, x N.] matrix of point and transfer mobilities

between the control points. The vector of control forceslmaexpressed as

f‘c - _Zpassive‘%fc - Zactive é g‘:vc (C35)

WhereZpassi,,e is the [V, x N.] diagonal matrix containing the passive actuator impedanc
terms,Z..iv is the [V, x N.] diagonal matrix containing the active actuator base inapegd
terms, C is the [NV, x N,] diagonal matrix controlling the Controller FRFs agds the
[V. x N.] diagonal matrix containing the feedback control gainsbs$ituting Equation

(C.35) into Equation (C.34) gives

- chzactive é g ‘77Vc (C36)

W,e = _ch Zpassivewc

Setting the matrix of drive currents Ip = —C g w,. gives

. [ —1
HI - WC C I;l B chzactiveI C <I + chzpassiv61> 3 (C37)

wherel is the [V. x N.] identity matrix andH; is the fully populated IV, x N.] ma-
trix containing the control system open loop frequency oaspe functions for the current-

controlled actuators. Similarly, for voltage control,tseg the matrix of driving voltages to

IO - - —1
HU = Wc Ccu T = chZactiveU C (I + chZpassiveU> ) (C38)

whereH;, is the fully populated V. x N.] matrix containing the control system open loop

frequency response functions for the voltage controllédadors.
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Appendix D

Parameter estimation for honeycomb

test panel

This Appendix presents the initial experimental testsiedrout on the structural response
of the honeycomb test panel. These studies have been ceddoctstimate the principal

structural parameters of the panel which are then used tehtogl panel response.

e Section D.1 gives the test panel geometry, material spatidic and the structural
parameters which are estimated from fitting the model forrasadropic sandwich

panel to the experimentally determined panel response.

e Section D.2 gives the formulations used to model an anipmtiandwich panel with

free boundary conditions on all edges.

e Section D.3 describes the experimental set-up and alsemethe experimental and

corresponding simulation results.

D.1 The honeycomb panel

The honeycomb test panel has the dimensigns 500 mm andl, ~ 400 mm. According

to the manufacturer both face plates are made of carbororeed resin with three plies
and an overall thickness af; = 0.86 mm and were manufactured in an out-of-autoclave
process. The honeycomb core is made of phenolic resin rabfeiiRP) with 3/8 inch (9.5
mm) cell width and a thickness of 7/8 inch (22.2 mm). The p#asla total mass of 0.856

kg. The mass per unit area is 4.28 kghmwhich corresponds to that of a homogeneous
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aluminium panel of 1.6 mm thickness. The estimated stratharameters are summarised

in Table D.1. The determination of these parameters is destfurther below.

Table D.1: Cross section geometry and physical propermiethe honeycomb sandwich test panel.

Parameter Symbol Value Unit
Thickness of face plate hy 0.86 mm
Core depth d 23.09 mm
Mass density face plates Py 1250 kg nT3
Mass density core e 96 kg nT3
Panel mass per unit area m” 4.28 kg nr2
Young’s modulus face-platesaxis F, 48 GPa
Young'’s modulus face-platesaxis £, 43 GPa
Shear modulus core-axis Gy 82 MPa
Shear modulus corg-axis Gy 155 MPa
Poisson’s ratio face plates Vs 0.33 -
Poisson’s ratio sandwich plate v 0 -
Loss factor n 0.015 -
Anisotropic factor o 0.035 -

L = thpf —+ (d — hf)pc

D.2 Model for anisotropic sandwich panel

The transverse bending stiffness of honeycomb sandwicklpas frequency-dependent
[19, 58] and anisotropic with respect to the and y-axes [61]. The principal material

properties of the core are the out-of-plane shear maduknddG, [62].

The frequency-dependent dynamic response of the comsasithwich panel is modelled
using a basic theory [19, 58] which considers pure undestbibending of the cross-section
and the face-plates and pure undistorted transverse shiwar core. The relationship be-
tween the transverse wavenumideand the wavenumbers corresponding to pure bending

and to pure shear of a sandwich panel is given by

EN? kN kN ko \* (kN2 [ K\
() ) -) () ) () =o e

wherek, is the shear wavenumber in the absence of transverse befudo®s, &, is the
overall cross-section bending wavenumber in the absenskesalr distortion angl,; is the

bending wavenumber for face-plate bending alone. Thesemembers are given as

m//w2
2Dy’

m/ w? . m'w

. (b) ki = (©) kiy = (0-2)

(@) k2 =



wherem” is the total panel mass per unit aréais the transverse core shear modulus and, as
shown in Figure D.14 is the distance between the face-plates neutral axis, vesisbming
thatd is much larger than the thickness of the face-plates is aed to represent the core
thickness.D; is the bending stiffness of the cross-section &nds the bending stiffness of

an individual face-plate. These flexural stiffness ternesgaven by

Ed*h; Eh}

(@ D, = m, (b) Dy = m

(D.3)

whereh; << dis the face-plate thickness.
}

Figure D.1: Sketch of sandwich panel cross section geometry

Equation (D.1) has one real and two imaginary pairs of arm®xetric solutions. For sim-
plicity the mode shapes of the honeycomb panel imthandy-directions are assumed to
be those of a corresponding thin beam with free boundaryitiond and it is assumed that

the equivalent flexural rigidityD, is given by

(D.4)

where the wavenumbdr in Equation (D.4) is the real wavenumber solution of Equatio
(D.2), which corresponds to travelling waves. The imaginaavenumber solutions to

Equation (D.1) correspond to decaying near-field wavesghviare neglected in the model.
According to References [61, 63] the natural frequencies @masotropic rectangular panel

can be estimated as

2 G \* G\ 2J0mdn + 20(HpmHy — JinJy)
o wn"\/ IR 1y VDD (B39)

ly

In the above equation the parametéts/ and H depend on the mode order in andy-
directions,m andn, and the boundary conditions, which for this study are ch@sethose

for free boundary conditions [47, 48] (compare Appendix&;tn A.2). The parameter
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is adjusted to give good agreement between predicted ansumegbnatural frequencies for
the [rocking, rocking] mode of the panel [61]. For a sandwpelmel the bending stiffnesses
D, andD, are frequency-dependent and need to be evaluated-at,, ,,. A Regular-Falsi

root search algorithm [49] is employed to estimate the paatlral frequencies that satisfy

the relationship

7T4 * * v miin =™ Jdmdn
O—w2—m<Dx(uJ) (G2) puter (T2) 4 e 2Bl =il o, b @)Dy o)

D.3 Experimental and simulation studies

D.3.1 The experimental set-up

For this study the honeycomb panel was vertically suppantedteel frame using two flex-
ible hangers to simulate free boundary conditions. As shiowigure D.2, the panel was
hanging with the longer panel edge parallel to the floor. Tdreepwas excited at one of the
lower edge corners using an LDS type V201 electro-dynanmakesh The excitation force
was measured using a B&K type 8001 impedance head. A B&K typé 48celerometer
and a Polytec laser vibrometer were used to measure thenespeihse on the opposite side

of the panel.

O
1

15 mm

o1
o)
15 mm

Il \

Figure D.2: a) Schematic view of freely supported honeycgabel, excitation point and point mobility
measurement point k{uare), transfer mobility measurement points Il to ¥ifcles), b) Experimental set-
up, honeycomb panel supported in a steel frame to approgifres boundary conditions with reflective grid
used for laser vibrometer measurements.
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D.3.2 Experimental and simulation results

Point and transfer mobilities: Figures D.3 and D.4 show the measured and simulated
point mobilities at point/ as defined in Figure D.2. The simulation parameters were man-
ually fitted to yield a good agreement between measured amdated results over a wide
frequency range. The natural frequencies and modal lossrfawere manually estimated

from the measured point mobility using a circle fitting meth69].

Since no beam samples of the panel were available, it wassstige to measure the modal
response of the panel it andy-directions in isolation. Therefore the laser viborometeaidh
was used to measure a 24x18 uniform grid of panel transfeilitied The visualisations
of the panel velocity normalised by the excitation force gd&from the vibrometer scans
were used to associate the natural frequencies with thesmrnding modeshapes of the
panel, which also gives the specific sequence of panel mdtiesest panel response along
the z- andy-axes was analysed by identifying isolated beam-like mditen the grid of

measured transfer mobilities.

Table D.2: Measured and simulated natural frequenciesediréiely supported Honeycomb panel

Experimental Simulation
Mode order Natural frequency [Hi]Mode order Natural frequency [Hz]
-1,-1 0
-1,0 0
0,-1 0
0,0 373.9 0,0 374.9
1,-1 597.3 1,-1 607.9
1,0 860.9 1,0 864.3
-1,1 939.9 -1,1 945.4
0,1 1086 0,1 1107.8
2,-1 1292 2,-1 1305.6
2,0 1463 2,0 1485.3
1,1 1492.8
2,1 2019 2,1 1986.3
3,-1 2028.8
-1, 2 2151 -1,2 2106.5
3,0 2159.8
0,2 2190.7
1,2 2426 1,2 2428.3
3,1 2580 3,1 2551.4
4,-1 2717 4,-1 2743.4
2,2 2770.3
4,0 2860 4,0 2845.7
4,1 3160.5

* not clearly identifiable
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Table D.2 gives the experimentally determined and simdlatgural frequencies and cor-
responding modal identification, where mode orders of -tesmond to whole body trans-
verse modes, mode orders of O correspond to rigid body rgekiodes and mode orders of
1 and above correspond to bending modes. Inctd@ection three isolated modes, [1,-1] at
597.3 Hz, [2,-1] at 1292 Hz and [4,-1] at 2717 [Hz] were idBeat. Equation 5.1 was used
to fit the panel parameters in thedirection to the measured natural frequencies. In the
y-direction only one isolated mode, [-1,1] at 939.9 Hz wasudieidentifiable; the natural
frequency at 2151 Hz is assumed to correspond to the [-1,8erbat could not be clearly
identified. The combined information of sequential modesoahd isolated modes allowed
the model parameters to be chosen to yield a reasonably goedraent between measured
and predicted response. Knowledge of the panel geometnuyfaeturer material specifica-
tions, experimental natural frequencies and modes all@sst of model parameters to be
determined that yield good agreement between predictedn@adured structural response

of the honeycomb panel used in the experimental study, warelgiven in Table D.1.

For verification the transfer mobilities between the fort@ant | and the response at I,
I, IV and V (see Figure D.2) were measured using a B&K type3la¢celerometer and
compared with the results of the prediction model. Both thaesueed and simulated transfer
mobilities are shown in Figure D.5. One should note that ¢ications of the points IV and
V in the simulation were chosen to be slightly offset from gamel centre in the— and
y—directions in order to capture the response of the [0,0] méddour transfer mobilities
show a good general agreement between measured and soimésidts and indicate that
the sandwich composite model and chosen model parametddsrgiiable results in the

observed frequency range.
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Figure D.3: Measuredf@int) and simulateddplid) point mobility for the freely supported honeycomb test
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Figure D.4: Measuredf@int) and simulateddoplid) point mobility for the freely supported honeycomb test
panel on linear frequency scale.
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Figure D.5: Measuredf@int) and simulated dolid) point mobilities for the freely supported composite
honeycomb panel; (a)l-11; (b) I-IIl, (c) I-1V and (d) I-V.

Bending stiffness: Figure D.6 shows the simulated equivalent bending stiffrafsthe
honeycomb panel in and y-directions. For low frequencies the bending stiffnesgses a
nearly constant and correspond to the bending stiffnedseattoss-section. For increasing
frequency the equivalent bending stiffness in both dicextidrops due to core shear effects.
It is interesting to note thab, and D, cross over at about 290 Hz, which together with the
test panel geometry results in the specific modal order gbden the experimental studies.
For frequencies well above 10 kHz the bending stiffness it lbimensions of the panel

converges towards a constant value which corresponds éface-plate bending.
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Figure D.6: Simulated frequency dependent equivalentingrstiffiness of the honeycomb composite panel
in z-direction (solid) andy-direction dashed).

Correlation method: The measured 24x18 uniform grid of panel transfer mobgdihas
also been used in an attempt to identify the panel transveasenumbers using a correla-
tion method. In Cartesian coordinates the two-dimensioisalete correlation function for

a single frequency is given by Ferguseiral [70]

C’(kx,ky):/ / w(z,y)e ke~ dydy. (D.7)

Due to the discrete sampling of data points, the coordingteg) in Equation (D.7) be-
come discrete coordinatés;, y;) and the double integral is replaced by a double sum. The

discretisation of equation (D.7) therefore yields

N, Ny
C(ky, ky) Zzwl,yj —ihai g=ikyy; (D.8)

The wavenumbers in the- andy-directionsk, andk, for a specific observation frequency
are estimated by identifying the maximum ©1%,, k,). Note that the increase in com-
putational effort limits the resolution of the correlatigrid in £, andk,. The correlation
method also has certain limitations with respect to the oregasdata. The spatial density
of the measurement grid must guarantee at least two pointggwelength in order to avoid

spatial aliasing and for reliable results at least one cetegdending wavelength should be
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sampled. In the:-direction this is only satisfied above 1290 Hz and in ghdirection this
is only satisfied above 2150 Hz (compare Table D.2). Also fgpecimen with dimensions

of approximately 500 mm the lower wavenumber limit for rbleestimates is therefore

k>A4mrie. k> 12.5rad/m.

Figure D.7 shows the simulated wavenumbers of propagatawgsvof the honeycomb test
panel in ther andy-directions and the experimentally estimated wavenumfyers the
correlation method. Also the dash-dotted line shows theewambers that correspond to
the static bending stiffness; = ,/D,, D, as a reference. For frequencies below 2000 Hz
the results from the correlation method do not give satisfgaesults due to the limitations
in the test panel dimensions. Above 2000 Hz the results aceralt satisfactory but support
the trends in the simulated wavenumbers which increase rapigly with frequency than
the wavenumber that corresponds to pure cross-sectionngen@he results also support
the predicted divergence between the wavenumbers in-thady-directions with increas-

ing frequency which is a result of the different transverdeas moduli in the two panel

directions.

107

Wavenumber [rad/m]

o
880000000y,

10

Frequency [Hz]
Figure D.7: Experimentally estimated and simulated bepaiavenumbers of the honeycomb test panel.

Experimentak:-direction glack — circles), y-direction ¢yan — squares); Simulatedz-direction @olid —
line), y-direction ashed — line) and wavenumber for constant static stiffnéss(dash — dotted — line).
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Appendix E

Transmission chamber experimental
arrangements and complementary

experimental results

This appendix provides further background information loa transmission chamber ex-
perimental set-ups and also complementary experimergaltsefrom microphone mea-
surements. Also it provides experimental results for theefsawith lumped point masses in

place of the control units. This appendix is therefore oiggthin two sections:

e Section E.1 describes the experimental set-up, the trasgmi chamber, the test
frame and the excitation and measurement arrangementsirusled transmission

chamber experimental studies.

e Section E.2 then presents the radiated sound power for thelpavithout control
units and with open and closed loop control units, measusatywa grid of micro-
phones. These results are in good agreement with the ldsenweter measurement

experimental results, which are presented and discussekapter 5.

Finally complementary studies on the panels with lumpedtpoasses are presented.
The results show that the control unit mass effects aloneotiproduce broad-band
reductions. The predominant effect of the lumped masses shift the resonance

frequencies of low order modes.
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E.1 Transmission chamber experimental arrangement

Past experimental studies on active panels were conduttbe &SVR [32, 34], using a
Perspex box set-up that allowed the measurement of souraticadinto a hemi-anechoic
room. The experimental measurements presented in this thege instead been carried

out in a sound transmission suite, located in the ISVR teagchkaboratory ( room 13/4060

and 13/4062).

The schematic ground plan of the transmission chamber, rsowigure E.1, gives the
overall dimension of the two chambers. Previous studigsateld that the two rooms of the
transmission suite do not satisfy reverberant field assiompfor frequencies below 800
Hz and also reported concerns about flanking transmissiti]s It was therefore decided
to transform the receiving room (13/4060) into a hemi-amécichamber which satisfies
free-field conditions down to about 250 Hz. It was also detieincrease the amount of

acoustic absorption in the source room (13/4062) in ordezdace resonant effects.

2.38 m 2.07m ‘

Source room Receiving room

height =2.61 m height =2.52 m
£ £
0 Transmission o
0 3 0
N window o

B13 R4062 B13 R4060

J

Figure E.1: Schematic ground plan of the transmission clearitbthe ISVR teaching Lab (13/4060 and
13/4062).

For the conversion to a hemi-anechoic chamber the back dedllls, the ceiling and the
floor of the receiving room (13/4060) were fitted with acotistbsorbent foam wedges. In
order to be able easily to convert the room back into reveriiegonditions it was decided
to mount the foam wedges using adhesive Velcro pads (wallsaiting only), where the

hook pads were stuck to the chamber surfaces and the eye paestuck to the back of
the foam wedges. The foam wedges are 30 cm deep and showddbtieeprovide a high

absorption coefficient above 250 Hz where the wedge deptijual@r large than a quarter

of an acoustic wavelength.

193
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1 inch plywood frame =
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\
" ~——Three layers of 1 inch MDF
Source room [ | Receiving room

Figure E.2: Schematic cross-sectional view of the transiorischamber separating wall and transmission
window with test frame.

As shown in the schematic cross-section view of the sepayatall, in Figure E.2, a heavy
wooden mounting frame was designed to mount the aluminisirfitame in the transmis-

sion window and avoid unwanted flanking transmissions. No# the panel is not per-
fectly flush mounted on the receiving room side. It was alszessary to modify the cable
ducts between the inside and the outside of the source aaiviregrooms in order the fit

the high number of connecting cables and also the plug ofaber lvibrometer data cable
which needed to be routed into the receiving room. After aliles were fitted, the inside
and outside wall openings of the cable ducts were sealed tsiovable permanent plastic

sealant material (Teroson Terostat-IX).

E.1.1 Testframe

The test frame, schematically shown in Figures E.3 and E.domstructed from three in-
dividual frame sections made from solid aluminium bars & orch (25.4 mm) thickness.
The base frame section has a width of 7/4 inch (44.5 mm) and 4dkreaded holes that
allow the frame to be mounted onto the plywood frame as shaviigure E.2 and also 18
threaded holes that allow the three frame sections to bevése together. The brace frame
section has a width of 5/4 inch (31.8 mm) and 18 through haled,as shown in Figure E.4
(@), is only needed when the honeycomb panel is mounted ifrahee. The cover frame
has a width of 7/4 inch (44.5 mm) and has 18 through holes tlwat éor a friction-locked
connection to the base frame section. Figure E.3 shows Hesrsatic front view of the test
frame with the frame dimensions and the locations of the gnynshaker excitation point

and the control point locations viewed from the source room.
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Figure E.3: Schematic front view of the aluminium test frafteen the source room side, where the square
indicates the excitation point and circles mark the logatibthe control units.

Figure E.4 shows the schematic of the test frame crossesewtith mounting of (a) the
honeycomb panel and (b) aluminium panel. The honeycombl paokamped between the
base and the cover frame sections which are separated byabe foame. To clamp the
honeycomb panel in the test frame without putting extensivesses on the outer edges,
rubber bands were inserted along the panel perimeter. Tmeirdlm panel is directly
clamped between the base and the cover frame. As indicakédure E.4(b) the aluminium
panel only overlaps with the test frame sections by abouirbR (12.7 mm) along each
edge unfortunately. This caused uneven stress distributithe test frame when the base
and cover frame were friction-locked by tightening the 1&was. This introduced uneven
in-plane loading on the aluminium panel.

a) b)

44.45 mm

31.75 mm

25.4 mm

»
22.22 mm|| 0.86 mm

A‘16mm

25.4 mm

25.4 mm

rubber bands

Figure E.4: Schematic view of the aluminium frame crosgsiseawvith (a) honeycomb panel and (b) the
aluminium panel.
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For future experimental studies, thin panels that are thiretamped between the base and
cover frame should be fabricated to the frame outside dirmeasnd fitted with 18 through
holes so that an even stress distribution in the frictiarkéal test frame is guaranteed. For
further tests on sandwich panels with a thickness betweemd01& inch (12.7 mm) an

additional height-adjustable inner frame has been dediguenot yet assembled.

E.1.2 Panel boundary conditions

Figure E.5 shows the experimental results for the plain hoomb panel when mounted
in the test frame for shaker excitation. Also shown are theukition results for the hon-
eycomb panel assuming pinned or clamped boundary conslitonall edges, for point
force excitation. The measured results fall between thdigted responses for pinned and
clamped boundary conditions but are closer to pinned. Fuopl&ity pinned edges are
therefore used in the simulations. The magnitude of thenasioresponses are also lower
than those from the simulation results, which use the sirattoss factor that has been
estimated from the experimental studies on the freely stp@doneycomb panel (see Ap-
pendix D). This indicates that the in-situ mounting corais of the honeycomb panel

introduce additional structural damping.

Figure E.6 shows the experimental results for the plain alwum panel when mounted in
the test frame for shaker excitation. Also shown are the lsitiaun results for the aluminium
panel assuming pinned or clamped boundary conditions cedgks, for point force exci-
tation. The natural frequencies for the aluminium paneleA@gher than those predicted
for pinned boundaries and also higher than those for clanbpeddary conditions. The
measured results therefore suggests that the response afutiminium panel is affected
by in-plane loads due to non-perfect mounting conditionlsoAhe aluminium panel was
slightly curved due to the manufacturing process and secagditions, which is expected
to shift the panel resonances towards higher frequenciégb.athickness of 1.6 mm the alu-
minium panel has a considerable transverse stiffnesgftirerit is problematic to straighten
existing static deformations of the panel. At the time of theasurements it was not clear
how the mounting conditions of the existing aluminium pac@lld be improved. It was
therefore decided to accept the initial in-situ boundanmydititons and to represent it in the

simulations using clamped boundaries.
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Figure E.5: a) Measured and predicted panel kinetic enerdybaradiated sound power for theneycomb
panel due to point force excitation; measured with laser vibr@anélolid); simulated for pinned boundary
conditions (lashed) and predicted for clamped boundary conditiodst{ed).
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Figure E.6: a) Measured and predicted panel kinetic enangyba radiated sound power for tlaéiminium
panel due to point force excitation; measured with laser vibranétolid); simulated for pinned boundary
conditions (lashed) and predicted for clamped boundary conditiodst{ed).
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E.1.3 Excitation arrangements
Shaker excitation

To investigate the performance of the control system forefsaaxcited by a single point
force, an electrodynamic shaker was attached to the pareeks force gauge, where the
location of the force excitation is defined in Figure E.3. Aswn in Figure E.7 the shaker
was mounted on a wooden brace, which was attached to a heselyfretmed stand. A
force gauge is used to measure the force input into the pamehvs used as the reference

excitation signal.

Figure E.7: Pictures of the shaker arrangement on the sgideaf the panel.

Loudspeaker excitation

To investigate the performance of the control system fousatically excited panels, a loud-
speaker was placed in the source room at about 80 cm from tied parface so that the
panels were predominantly excited by the loudspeakertdiedd. As shown in Figure E.8,
the loudspeaker was resiliently mounted on a stand withghhef 1.04 m, where the front
of the loudspeaker was slightly elevated to tilt in the attiplane. The loudspeaker was
then placed in front of the transmission window with angle36f to the plane of the test
panel. The aim of the loudspeaker arrangement shown in &g was to expose the
panels to the direct acoustic field produced by the loudsgreatkd to realise a non-normal

incidence angle for the acoustic waves.

For the loudspeaker excitation, the voltage input to thel$peaker was measured and used
as the reference excitation signal. The effects introdumethe loudspeaker and by the

source room responses have been considered by correatimgetisured responses on the
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receiver side of the panel with the magnitude of the tran&fection between the loud-
speaker input voltage and the spatially averaged soundymeemeasured in close proxim-
ity to the panel surface on the source side. These corregpiecira are shown in Figure E.9;

they roughly resemble the inverse of the loudspeaker fregyueesponse characteristics.

The transfer function between the loudspeaker input veltagl the sound pressure in close
proximity (2 to 5 cm distance) to the panel surface was meakatr 18 randomly distributed
points for both panels. The correction terms for both paakds/ery similar so that it can be
assumed that the contribution of back-radiated sound fh@panels is negligible compared

with the incident sound pressure field.

[dB rel. 1 V/Pa]

-30 5
10 10 10
Frequency [Hz]

Figure E.9: Spectra of the correction term for loudspeakeit&tion. Measured for the honeycomb panel
(solid — red) and results measured for the aluminium padek{ied — blue).
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E.1.4 Measurement arrangements
Laser vibrometer measurements

As shown in Figure E.10(b), on the receiver side a laser wieter was used to measure
the response of the panel on a grid of 16x20 points. The paneli& energy and radiated
sound power are estimated using the formulations for tlesiehtal approach’ described in
Chapter 2. The panel is assumed to be subdivided into a ungadof elements and the
grid of measured panel velocities represents the velscitieghe centres of the elements.
The panel kinetic energy and radiated sound power are thémagésd using Equations
(2.11) and (2.14) respectively. This methodology of estingathe radiated sound power

from panels has previously been demonstrated by Bai and 7240 [

Figure E.10(a), gives the relative location and orientatibthe laser vibrometer head with
respect to the test panel surface. The laser vibrometenhasdrranged such that the laser

neutral axis was perpendicular to the plane of the panekgbdimel centre.

A critical issue for laser vibrometer measurements is thpeadiquality of the reflected laser
beam. To guarantee high signal quality it was necessarg#b tine panel surfaces in order
to improve the light scattering properties. For the aluommipanel the light scattering
properties were improved by sanding the receiving sideasarfvith very fine sandpaper.
The carbon texture of the honeycomb panel surface gavevedlapoor signal quality so
that it was necessary to improve the scattering properfidsecsurface on the 16x20 point

measurement grid using using small patches of reflectivedashown in Figure E.10.

a)

26.2° vertically \
32.4° horizontally ’%a-ﬁ \ E

§ Test panel |

§ ———————————————————— Laser

o ]‘ a 82cm
1 24

Figure E.10: Laser vibrometer set-up; (a) schematic vielasd#r and panel geometry and (b) picture of laser
vibrometer arrangement in the receiving room.

The benefit of the laser vibrometer measurements is thatal@y the estimation of both

the panel kinetic energy and the radiated sound power. Alsaieasurements are relatively
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insensitive to background noise and flanking sound trarssams The main drawback is the
high number of measurement points that need to be sampleatamdhe response accu-
rately, particularly if measurements are conducted up @ amd high audio frequencies.

This results in long measurement times and a large amouneasurement data.

Microphone measurements

As shown in Figure E.11, the radiated sound power was alsoastd from sound pressure
measurements using a hemispherical grid of nine microphaesuming hemi-anechoic
conditions in the receiving room. The procedure employddvi@d those described in the
relevant ISO standard [65]; it should be noted however tieatéceiving room used does not
meet the strict standard requirements and that the chosgnphbne arrangement, shown

in Figure E.11 (a), is also different from that describecdhia ISO standard.

The main benefit of the microphone measurements is thevalatshort time needed to
conduct an individual measurement. This benefit is couatarized by the relatively high
effort to set up the measurement grid and microphone chanAtdo the microphone mea-
surements only allow the estimation of the radiated sounwdepdut not that of the panel
kinetic energy. The measurement results are sensitivegbaeckd noise and flanking sound
transmission and therefore pose stringent requiremerttseareceiving room acoustics and
the efficient suppression of possible flanking paths. Fuithetations of the accuracy of
the results may arise from the small finite number of micro@soused in the grid. This is

particularly an issue for panels that exhibit distinctiemruniform radiation characteristics.

a)

29
\

W

20 | 25 15

Measures in cm 60

Figure E.11: Microphone array set-up; (a) schematic viemifrophone array geometry and (b) picture of
microphone arrangement in the receiving room ISVR (13/3060

201



Figure E.12 shows good agreement between the radiated gpouwet obtained from the

laser vibrometer measurements and from the microphoneurezasnts. At frequencies
below 250 Hz, the acoustic measurements were found to batlgligontaminated by the

resonant response of the receiving room and possible alkmdyequency flanking sound

transmission. This is an expected effect as the 30 cm deep Wedges used to treat the
surfaces in the receiving room only start efficient absonmsoabove 250 Hz where the
wedge depth exceeds a quarter of the acoustic wave length.tié honeycomb panel was
found to have a strong radiation directivity so that a sangplria nine microphones may
not yield sufficient results.
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Figure E.12: Radiated sound power for shaker excited pansiated sound power from the aluminium
panel (eft) and radiated sound power from the honeycomb parigh() on a linear frequency scaléop)

and logarithmic frequency scalbo{tom); Laser measurementsofid) and Microphone array measurements
(dashed).

E.2 Complementary measurement results

E.2.1 Results from microphone measurements

This section presents the microphone experimental refsultbe radiated sound power of
the panels without control units and with open and closeg mmtrol units. As discussed
above, the results generally are in good agreement withatbex ibrometer experimental

results, which are presented and discussed in Chapter 5.
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Figure E.13: Radiated sound power measured using a grid @bpfiones. Aluminium paneldft) and
honeycomb panel-{ght), shaker excitationt¢p) and loudspeaker excitatioboftom).
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Figure E.14: Change in the radiated sound power measured agjrid of microphones. Aluminium panel
(left) and honeycomb panetight); shaker excitationtpp) and loudspeaker excitatioboftom).
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E.2.2 Results for panels with lumped point masses

Additional measurements with lumped masses were conducteder to compare the pas-
sive inertia effects produced by small blocks of steel, showFigure E.15, and the passive
and active effects produced by the control units with edaivamass. In this study the con-
trol actuators were replaced with lumped masses of eithgrdrhs or 35 grams, where the
11 gram masses represent the mounting mass of the actuathrding the voice coil and
the 35 gram mass represents the total mass of the actuatmsactelerometer sensors on
the opposite side of the panel remained in place to accouontaiely for the total base mass
of the actuators. The results for panel kinetic energy adétad sound power presented

here were measured using the laser vibrometer.

11 gram 35 gram

mm

L 10 20 30 40 50 608

Figure E.15: Equivalent lumped masses

Figures E.16 and E.18 show the measured narrow-band pareticdkenergies and radiated
sound power for the plain panels and the panels fitted with thgram and 35 gram equiva-
lent lumped masses. Figures E.17 and E.19 show the changegiit energy and radiated
sound power in 1/3 octave band spectra. The results indicatéhe added lumped masses
shift the resonances of low order structural modes towaraei frequencies but do not
introduce damping. At low frequencies this results in atstfikinetic energy and radiated
sound power spectra between frequency bands. The 1/3 dutavkspectra indicate that
at higher frequencies the added lumped masses do not pradugeificant net broad-band
reduction of the panel response and radiated sound powetis@isssed in Chapter 4, well
below the actuator fundamental resonance, the base impeddithe control units corre-
sponds to that of the total lumped mass of the actuators. Hawhe actuator fundamental
resonance is well below the fundamental resonances of Wdtieganels so that the 35
gram lumped mass does not give a good representation of thetonit inertia effects in
the mid and high audio frequency range. For high frequertbiesase impedance of the
control units converges to the impedance of the actuate bass. Therefore the 11 gram
lumped masses give a good representation of the actuattiaiedfects at higher audio

frequencies.
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