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SUMMARY

High blade stresses can be induced in axial com-
pressors by various asymmetrical flow conditions or ad-
verse working conditions. A series of measurements were
carried out on industrial and gas turbine axial compres-
sors. After a briefl review of the various measuring meth-
ods, test results are presented and commented. The in-
formation gained refers to various working conditions,
such as rotating stall, surging, partial injection of the tur-
bine of superchargers for Diesel engines as well as to the
influence of the wake of blading, especially for compres-
sors with movable guide vanes. The influence of lacing
wires on axial compressor bladings is presented and com-
mented with respect to efficiency loss and increase of
noise level.

INTRODUCTION

Blade vibrations in axial turbomachines are the
cause of costly operating failures. Due to the complexity
of the phenomena involved, it is difficult to find the
reasons for the blade excitation and thereby the solution
climinating a blade failure. Due to the lack of the precise
knowledge of the mechanism leading to blade failure, it
is often impossible to predict the alternating stress level
prior to the commissioning of a unit.
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The diversity of the causes and parameters leading
to dangerous blade excitations imposes direct field testing.
Laboratory tests are too limited in scope to be able to
furnish the needed statistical evaluation of the various
parameters involved. Laboratory tests are, however, use-
ful to study the fundamental causes inducing blade vibra-
tions and to develop reliable measuring methods. Informa-
tion corresponding to blade stresses for example cannot
be transposed directly to smaller or larger similar ma-
chines.

After a review of the causes responsible for blade ex-
citation. of the measuring methods and of measurements
carried out on various machines, recommendations are
made to protect axial compressors against blade failures.

With the exception of one case referring to the tur-
bine blade of a Diesel supercharger. the paper is devoted
to axial compressors.

CAUSES FOR BLADE VIBRATIONS

The most common causes creating blade excitation
in axial compressors are:

— Wake of the blade rows placed before and after the
considered blading

—— Variable guide vanes setting

— Rotating stall

— Surging

— Back flow

— Chocking

— Inlet or diffusor supporting vanes

— Asymmelrical inlet flow distribution

— Blade flutter

— Karman vortices from the piping

— Inlet or diffusor flow separation

— Uneven inlet flow density due to side streams

— Variable tip clearance

— Mechanical rotor vibration

—— Partial injection (turbines)

Figure 1 represents the general characteristics of an
axial compressor. Within the first quadrant the working
points correspond to a positive pressure ratio 7 and flow
V. The torque M as well as the sense of rotation n of the
compressor are also positive or in the normal direction.
The normal working field of the compressor is limited by
the surge line S, the chocking line K and the rotating
stall area R. Beyond the surge line S the working condi-
tion of the compressor is unstable, and the pressure flow
characteristics are not well defined.

Within the sccond quadrant, the pressure ratio is still
positive, which means that the pressure at the discharge
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of the machine is still higher than the pressure at the suc-
tion. The flow is, however, negative or reversed compared
with the normal flow direction. Within the area extend-
ing to the curve n = O. the compressor is working as
a brake. The speed and the applied torque are acting in
the normal direction, but the flow is reversed, the com-
pressor absorbs in this case a certain quantity of power
without communicating a positive energy to the gas
stream. Beyond the line n = O, which corresponds to
the resistance of the blading to a reverse {low when the
machine is not rotating, the speed starts being negative,
corresponding to a reverse speed operation, and the com-
pressor works as a turbine. The torque is still positive
and is generated by the energy lost by the reverse flow
passing through the machine. The speed increases with
the flow up to the zero torque line, which is a charac-
teristic of axial machines. This working point corresponds
to the runaway speed of the machine. In fact, in indus-
trial installations this extreme working condition cannot
be reached since a given torque is always delivered by the
compressor to drive backwards the driving turbine or the
motor. However. this speed can be fairly high and can
endanger the machine. The runaway speed is a function
of the applied pressure ratio and is given by the crossing
point of the speed curves n with the torque curve M = O.
In the case of axial Kaplan water turbines, it is known
that the runaway speed is close to twice the normal speed
[1]. Beyond the line M = O the compressor works again
as a brake.

Within the third quadrant, the flow is negative, and
the pressure ratio is also negative. The torque as well as
the speed are negative. This working condition corre-
sponds to the operation of the machine as a compressor.
The general characteristics are similar to the ones of the
normal operation, but the efficiency is low due to the fact
that the blading is working in the reverse sense. For semi-
axial machines [2] and of course in the case of radial im-
pellers [3]. a negative operation can produce a positive
head and a positive flow. This is due to the marked in-
fluence of the centrifugal effect induced by the impeller
itself.

Within the fourth quadrant one can distinguish three
zones. For negative speeds and up to n = O the machine
is working as a brake. The line n = O corresponds to the
resistance of the machine at rest, when the gas stream is
forced through the compressor from the inlet to the dis-
charge. Beyond this line, the speed is positive as well as
the flow, but the torque is negative. This operating condi-
tion corresponds to the operation of the compressor as a
turbine. It is submitted to an inlet pressure which is
greater than the discharge pressure (negative pressure
ratio). Beyond the line M = O corresponding to the run-
away speeds of the machine, the compressor is again
working as a brake.

The working conditions most likely to occur are con-
fined in the first quadrant and up to the runaway curve
M = O in the second quadrant. The operating points
within the first quadrant will be the object of the follow-
ing chapters. Concerning the second quadrant, let us
mention two typical operating cases.

The first one refers to single stage gas circulators
for atomic power stations [2]. The four circulators are
driven by steam turbines and are working in parallel. No

back-flow valves are present in the layout of the installa-
tion. In case of a shut down of one unit, the other ones
being still in operation, its speed decreases rapidly to
zero. A non-return speed device maintains the machine
at zero speed and back-flow takes place [4], [5]. Due to
the drop of the pressure ratio and of the corresponding
shift of the flow towards higher values of the other three
circulators, the total mass flow through the reactor dimin-
ishes only from 1009, to 839%. The circulators are de-
signed to cope with this abnormal working condition in-
definitely. They are even built for full runaway speed,
the lubrication and the bearings being capable of work-
ing at full reverse speed.

The second case corresponds to an axial multistage
compressor used in catalytic cracking units. A non-return
valve is fitted by the customer in the discharge line to
avoid back-flow in case of a trip down of the driving
turbine. In one occasion the non assisted non-return valve
did not close, the unit was running backwards up to its
maximum runaway speed. Since the bearings and the
lubricating system were conceived for this case, no dam-
age of the bearings took place. However, due to the hot
return flow (450 °C) and consequently to the rapid radial
thermal expansion of the blading, the blade tips came in
contact with the casing and the rotor, causing consider-
able damage. In principle, only assisted and remote ac-
tuated non-return flow valves should be used in such
installations.

A further third operating case refers to the fourth
quadrant. It is usual to drive slowly a gas turbine rotor
after shut down in order to insure a uniform cooling.
Generally a motor driven bearing gear is used. In the
case of the SULZER 10 MW gas turbine unit [6], the
machine is maintained in slow rotation by a fan pres-
surizing air in the gas turbine compressor. The compres-
sor is working as a turbine with negative pressure ratio
and positive flow. This case corresponds to a working
point in the general characteristics (figure 1) situated
between the curves n = O and T = O. The unit still
retates in the positive direction.
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Figure 1. General characteristics of an axial compressor.

C = compressor operating.
T = turbine operation.
B = brake.
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It is clear that working conditions other than normal
may induce high alternating stresses in the blading of
compressors or lurbines. This is also true under normal
working conditions, especially for radial or axial com-
pressors heavily loaded, handling gases of high density.
In this respect research work has been carried oul on
radial boiler feed pumps submitted to high pressure per
stage (up to 100 bar, 1,400 psi) [7], [8]. A particular
case was investigated for high lift radial pumps, for which
high pressure fluctuations were taking place due to the
superposition of pressure waves leaving each diffusor. The
pressure fluctuations could be such as to endanger the ad-
jacent piping and the impellers [9]. Similar phenomena
could probably take place in axial compressors handling
high density gases.

As stated by the authors in their paper ‘Case His-
tories of specialized Turbomachinery Problems’ [10], vi-
bration problems in rotating equipment have the many
aspects of the classic murder mystery ‘Who did it and
why?’ To answer these questions, measurements of blade
vibrations together with the detection of the flow pattern
responsible for it are necessary, but it remains often the
important question to be answered: What should be done
to avoid the recurrence of difficulties? At this stage of our
knowledge, this paper will rather draw the attention of
engineers on particular vibration problems than give an
answer toward their solution.

BLADE VIBRATIONS—MEASURING METHODS

Since the stationary or rotating blades will exhibit a
different  damping (logarithmic damping decrement)
which is equal to the logarithm of the ratio of two con-
secutive amplitudes, it is clear that when the blades are
submitted to the same intensity of excilation, the ampli-
tude response, and therefore the alternating stresses will
be different from one blade to the other. This is due to
the inherent variations in blade fixing, related to toler-
ances or blade root surface finish for example. Tt would
therefore be of interest to develop a measuring method
to detect blade vibrations such that all the blades of one
stage could be tested. Today’s techniques, however. are
confined to methods with which only a limited number
of blades can be measured. Measurements of the blade
deflection by laser or induction may, however, lead to the
solution of this problem.

The various measuring methods will be rapidly re-
viewed.
a)  Strain Gages

In this case one or several strain gages are stuck on
the blade surface. For the first bending, for example. one
gage is placed on the convex side of the profile.

The alternating bending stress oy is proportional to
the measured strain €

_ .r_-rL2R
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in which € is the strain at the measured point. € =

Al
T
R is the strain gage resistance and AR is ils variation.
The factor k = €/ ———ARR is usually close to 14 as can be

easily shown.

For stresses 7 duc lo torsion. the gage is placed at
45° to the axis of the torsional moment. The following
relation is used.
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The signal transmission was realized long ago by the
use of brush transmitters. Some high speed versions used
up to 20.000 rpm (Vibrometer L.td.) were based on mer-
cury contacts. However, these apparatuses are delicate and
limited in their use. Today. one prefers the contactless
system by micro radio senders placed directly on the
rotor of the machine. A fixed antenna is placed around the
shaft at a suitable place. The power supply is provided
by a battery placed on the rotor and having a limited
life of about 24 hrs. For this reason, new power trans-
mission systems are being developed by using contactless
induction power transmission to the rotor.

The complete recording chain with antenna amplica-
tors is unfortunately not free from electronic noise which
can be as great as an equivalent of 200 to 1,800 bar
stresses. Therefore, zero stress checking is necessary to
estimate the noise level. The relation between stresses and
the measured value AR/R can be determined by a proper
static calibration.

b)  Frequency modulated Grid

This method of measurement, called also the meander
method, was first developed by Bristol Siddley around
1960 [11]. The components of the system are a tiny cylin-
drical magnet inserted in the tip of the blade (or the
blade could also be magnetized) and a meander pick-up
loop imbedded in an insulating mass placed around the
inside of the compressor casing in the plane of the ro-
tating blade to be measured. Figure 2 shows in a sim-
plified form the essentials of this method. The voltage pulse
S induced by the magnet M in the meander can be fairly
sinusoidal if the grid spacing is chosen correctly. The
wave length of these waves varies porportionally with the
velocity with which the magnet is moving past the grid,
so that such disposition is suitable for determining di-
rectly the value a « [ (amplitude times frequency = vi-
bration velocity) being proportional to the stress in the
blade, as will be shown later. The pulse S is amplified and
filtered to eliminate [requency noise and main interfer-
ences. The filter output is fed to a limiting amplifier
forming a frequency modulated square waves signal. The
frequency spectrum of this pulse train includes a constant
level signal proportional to the rotor speed. Finally, the
vibration signal is isolated by a filter which rejects the

S
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Figure 2. Principle of the meander method.
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constant level signal. The vibration signal thus obtained
is converted in a low pass filter to a signal of varying
voltage. the amplitude of which is proportional to the
product a + [. Torsional vibrations can be measured by
using two meanders placed side by side and two magnets
on the blade tip. The phase difference between the two
informations gives the blade angular deflection. This
method was successfully applied by us on long thin com-
pressor blades to evaluate the unwinding due to centrif-
ugal forces. A value of about 2° was found.

¢)  Laser

This method of measurement is based on the reflex-
ion of a laser beam by the blade tip itsell. The reflected
beam is sent to a photo diode giving a pulse at the blade
passage. The maximum variation of the blade passage
with time is equal to the amplitude of vibration of the
blade in the peripheral direction. In order to eliminate an
uneven rotation of the machine which could be interpre-
tated as a blade vibration. the signal is compared to a
reference signal given by the rotation of the rotor itsell.
By using two adjacent laser beams. the maximum speed
of the vibration can be obtained and therefore the fre-
quency. since the amplitude is also known. Tests were
conducted to find out the amplitude and the frequency by
the laser method and compared to the classical measure-
ment by strain gages. A dispersion of == 159% was found.
indicating that further work must be done to improve
the method. This method has the advantage of leading to
minor modifications of the machine and to the possibility
of selecting various blades in a given stage. This is im-
portant il one remembers that the safety margin of a
blading against failure is given by the most loaded blade.

d)  Induction Pick up

This method. which is also in the development stage.
is identical to the laser method. The phase shift of the
pulse induced by a given preselected blade is recorded.
The total dispersion corresponds to the amplitude. By
using two stations close to each other, the speed of the
vibration can also be measured.

ALTERNATING STRESSES

Let us first find the relation between alternating
stresses and the characteristic values of the vibrations for
a simple cantilever. The frequency is proportional to

f~ | k!
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in which [ is the frequency, 1 the length, I the moment
of inertia, I the cross-section. p the specific mass of the
material and E the modulus of elasticity.

The bending stress oy, is equal to the moment M
divided by the moment ol resistance

M
%% "W
The deflection a is proportional to
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introducing (3) into (0)
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is a constant. function of the shape
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of the cross-section. It is interesting to note that the length
of the cantilever does not appear in this relation.

Relation (7) shows that the bending stress is propor-
tional to the maximum speed of the vibration a * [.

Writing (7) in the following form

‘—I)’C'\’ a-f
[
D
0

shows that the strain in the blade is proportional to the
ratio of the speed of the vibration to the speed of sound
in the material.

Experience has shown that these relations are ap-
proximately true of blades, regardless of their aerody-
namic form and applies to torsional as well as f{lexural
modes of vibrations. Knowing the fatigue limit of various
material in bending. a corresponding a < [ values can
be defined

Aluminum 1.7 m/s
Steel (139 Cr) 2.0 m/s
Titanium 3.4 m/s

A very important parameter in blade vibration is the
logarithmic damping decrement 8 [12]. defined by the
relation

Ay

6:ln7§—2 9 -1

called the damping coefficient and describes the envelope
in which Ay and As are two consecutive amplitudes, ¥ is
e~ of the vibration. It is related to the damping factor
B entering into the vibration differential equation by the
relation ¥ = £ . in which m is the reduced mass of the

2m

blade. T is the period of vibration.

The damping decrement 8 is directly responsible for
the amplitude of the vibration of the blade in or out of
resonance. In resonance, the amplification factor, which
is the ratio of the amplitude to the static deflection of the
blade under the forces of excitation, is given by

amplification factor = % (10)

Let us now consider a blade in resonance submitted
to an aerodynamic excitation. The static bending stress o,
due to the aerodynamic excitation is equal to

Ub:H-S-og

in which H is a function of the blade form and of the
type of vibration, S is the stimulus proportional to a frac-
tion of the static gas bending stress o on the blade, re-
sponsible for the excitation.
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The alternating stress oy in resonance is therefore
equal to the static stress o, multiplied by the amplifica-

. T .
tion factor 5 of relation (10)

g (12)

Various values for H and S can be found in the
published literature [13]. Out of resonance the amplifica-
tion factor is given by the resonance curve of the blade.

As an example, for an average value of & of 1.8%

for a rotary blade of compressors and 10% off :esonance,
an amplification factor of about 5 is found. With a value

of H = 0.9 corresponding to the first bending and a stim-
ulus S = 0.1, the alternating stress in the blade is:
=5-09-0.1=4+045
Uw/ag 5:09-0.1=1+0.45.

The stimulus S can vary usually from 0.1 to 0.2 ac-
cording to the intensity of the wake and is also a func-
tion of the distance between the blade rows.

Relation (12) can in fact be used for other disturb-
ances exciting blade vibrations in resonance.

DETERMINATION OF THE DAMPING
DECREMENT &

Two measuring methods can be used. The [irst one
is based on the decay of vibrations when the blade is
suddenly set free from a given static deflection. The slope
of the envelope of the vibrations is related to the decre-
ment 8.

A better method consists in measuring the resonance
frequency [, as well as the frequency gap AF for ampli-

a .
tudes —“‘V 5 taken on each side of the resonance value f,.

[t can be shown that the damping decrement o is, with
sufficient accuracy, equal to
AR )
6= l— (13}

O

This expression is easily derived [rom the general
relation giving the amplification factor as a [unction of &
[12]. This last method was used to determine the logarith-
mic damping decrement & of a large quantity of long com-
pressor blades, having an aspect ratio of about 2.5. I'ig-
ure 3 shows the recorded values of three blades. The
damping decrement is [unction of the blade strain € or
stress at the root. The damping is increasing markedly
with the alternating stress level. A checking of the damp-
ing decrement from the decay of vibration amplitude of
rotary blades after surging has given values of the order
of 1.8%. This value is in good agreement with those of
figure 3. The smaller the aspect ratio of the blades, the
greater is the dispersion of the damping values and of
the blade [requency. Ior aspect ratios of about 1, a dis-
persion of about == 30% for the frequency can take place.
The dispersion is only == 39 for aspect ratios of about
2. When measured on the rotor without rotation, the dis-
persion is too great for blades of small aspect ratios.
Therefore measurements in the laboratory should be car-
ried out by casting the root in low melting alloys to di-

18+
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Figure 3. Logarithmic damping decrement of 3 blades.

minish the dispersion. For stationary blades, which are
not submitted to the centrifugal forces, the dispersion is
very large. IFor instance, the damping decrement may
vary from 1 to 109¢. This shows that stress measurements
on a limited number of blades must be considered with
great reserve.

For flexural modes it is usual to compare the alter-
nating stresses ow to the static gas bending stresses oy at
the normal operating point. since they are directly related
as shown by relation (12).

Xty = 04/ 0, (14)

IFor torsional modes it is convenient to form the fol-
lowing ratio

M l/ s_
Ml)/ 1

X, = (15)

in which M;/s is the equivalent torsional moment induc-

ing the measured shearing stress 7 divided by the chord

s of the profile, and M, /] is the bending moment cor-

responding to the gas bending stress o, divided by the

blade length 1. In fact. x; is nothing but the ratio of two

fictive forces acting on the blade. The relation (15) can
be written.

L - W,

Lt W

b

A
S

o (10)

in which W¢ and W), are the torsional and axial moments
of resistance of the profile. For irregular cross-sections
such as blade profiles the value of W is usually different
and smaller than the polar moment of resistance of the
profile [14]. Its value can best be defined experimentally.

BLADE VIBRATIONS IN ROTATING MACHINES

A few typical examples of blade vibration induced by
various causes will be discussed in this chapter.
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Figure 4. Cross-section through an axial compressor with
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a) Supporting Vanes at Compressor Inlet

A blade failure occured shortly after the commission-
ing of an 11 MW gas turbine compressor due to rotary
blade excitation caused by two supporting walls A placed
vertically in the inlet of the casing of the fix blade axial
compressor as shown on figure 4, representing an indus-
trial compressor with movable guide vanes.

The speed of rotation was 3,000 rpm (50 s7 1), The
blade frequency of the first row of rotary blades was situ-
ated between 195 and 205 s™!. Although the separation
walls of 30 mm thickness were 500 mm from the rotary
blade. a failure occurred by fatigue. The rupture was due
to the second harmonic of the fundamental disturbance
having a frequency of 100 s This example clearly shows
that harmonics of a disturbance are to be taken seriously
imlo consideration during the layout of a compressor. Due
to the degree of reaction of 0.8, the inlet to the rotary
blades is axial. and no inlet guide vanes were present.

b) Partial Injection

This case refers to the turbine of a SULZER super-
charger for a four stroke SULZER locomotive Diesel en-
gine. The 12 cylinders were connected to four groups of
nozzles. Two types of partial injection patterns were pre-
vailing. The first one was corresponding to a 180° in-
jection and the second one to two 90° injections separated
by two inactive nozzle groups of each 90°.

No difficulty had been encountered as long as the
engine was running at its original rating. After uprating
by 10%, however, with a corresponding increase in the
supercharger speed. fatigue failures occur at the first
serration of the axial fir tree root of the blade.

[t was soon recognized that the wakes of the nozzle
blades could not be the cause of the rotary blade failure,
due to the fact that the level of excitation was too low,
and resonance for the first bending occurs at a too low
speed. Torsional failure was also ruled out, since the
speed of the supercharger lies here above the operating
range.

A [urther possible cause was the excitation due to the
harmonics of the partial injection. The two types of par-
tial injections idealized by step [unctions lead to the fol-
lowing Fourier coeflicients

A(?\):%\A- for A =2p -1 (17)

for the 180° partial injection and

A= —1—; forx=4p -2 (18)

for the 90° partial injections.

In these relations A is the order of the harmonic, p is
any whole number and A a proportionality factor related
to the blade load intensity. Resonance hetween the blade
frequency [ and one harmonic A is given by the obvious
relation
NURTR

A f (19)

n

n

in which n is the supercharger speed in rpm and [y its
speed in rps.

The blade frequency [ was measured and was close
in operation to f = 2,485 s~!. As can be seen, the relation
(18) gives the greatest Fourrier coeflicient for a given A
(twice as large as relation (17). The corresponding har-
monics are 2, 6, 10, 14. . . . The harmonics 2 and 6 cor-
respond to charger speeds outside the operating range.
The harmonics 10 and 14 could be the cause of the dam-
age. According to (18). the Fourrier coefficient for the
harmonic 10 is of course greater by a factor 14/10 than
the one of harmonic 14. Therefore, the harmonic 10 is
very likely responsible for the blade failure. A logarith-
mic damping coeflicient of 1.8% was found by prelimi-
nary lests on blades fitted in the turbine disc, leading to
an amplification factor in resonance of 17.5, given by the
relation (10). It is. however, quite possible that in opera-
tion. due to the centrifugal force, the damping factor is
smaller, and if it approaches 1% as a minimum. an am-
plification factor of 31 would be reached.

According to relation (19), the supercharger speed
would he 11,900 rpm, for resonance with the harmonic 10.

A test was carried out by sticking one strain gage on
four different blades. The stresses at the [ir tree first ser-
ration were calculated, taking into account the stress con-
centration factor of 1.7 [15]. The resulls calculated from
the strain gage measurements are given on figure 5. As
can be seen. a maximum stress of about = 1,800 bar is
found. The fatigue limit of the material under the work-
ing temperature of 510°C is about = 2,000 bar. If one
considers that some blades can exhibit smaller damping

f=2485s""

o,, (1000 bar)

Q
1

6 65 L 13 R 10
A=F /,rn . 74900 rpm
Figure 5. Resonance spectrum of a supercharger turbine

blading.
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coeflicients and therefore higher stresses, it is obvious that
the 10th harmonic of the 90° injections was responsible
for the blade failure.

The problem was solved by the installation of a lac-
ing wire. New tests aflter this modification have shown
that all the resonances had disappeared. It would have
also been possible to increase the [atigue strength by 309
by rolling the blade root groove. but it was questionable
whether this strengthening would have been preserved at
the high working temperature.

c)  Asymmetrical Inlet Flow Distribution

This case refers to the compressor blading of a 3 MW
gas turbine with separate power turbine [16]. The speed
variation of the compressor turbine shaft could vary from
60% to 110% of the normal 7.200 rpm. The static gas
bending stress on the rotary blades of the first stage was

of the order of 100 bar.

The reason for the stress measurements was that the
speed range was extended from 809 to 60%. region in
which some blade resonance of the first torsional and sec-
ond flexural modes were expected. Tests were carried out
on three gas turbines by means of strain gages placed on
one of the first and sccond stage rotary blade and on the
stationary blades of the stages 1. 3. 4. 6. 7 and 9.

Tests have shown that over the whole operating
range. the alternating stresses. due to the expected blade
resonances. were acceptable. However. strong peak stress
resonances appeared at given engine speeds. Figure 0
shows the alternating stress spectrum ow of the first ro-
tary blades. Due to the selected degree of reaction of 0.8.
the inlet flow direction to the first rotary stage is axial.
and no inlet guide vanes are necessary. After several un-
successful attempts to improve the situation. it was decid-
ed to place 24 axial inlet guide vanes of 44 mm chord
length before the first stage rotary blading. A marked im-
provement in flow distribution was obtained as indicated
on figure 6. showing that inlet guide vanes tend to erase
the past history of the flow. This influence would still be
more pronounced by inlet guide vanes with flow accelera-
tion. as is the case for compressors with a degree of reac-
tion of 0.5.

4 43
T3_ 5’2 4,8 f =3605‘-1
s
g2-
v
1_
0 T T T T

A L5 5 55 6 65
n (1000 rpm) ——

Figure 6. Resonance spectrum of the first stage rotary
o /
blade of a gas turbine compressor.

a = without inlet guide vanes.
b = with inlet guide vanes.

The fact that blade resonance occurs at values which
are not a whole multiple of the speed is rather unusual
and leads to think that the disturbance is varying with
time either in amplitude or in position. The excitation
with varying amplitude is more likely to occur.

Let us first assume that the disturbance is distributed
periodically around the periphery of the inlet channel.
with a periodicity k. The rotating blade of angular velo-
city @ would be submitted to a disturbance of the form

A = C sin(kwt) (20)

If the amplitude C is also varying with time.

C = a sin(mwt) (21)

in which m can be any number, even fractional. which
expresses how many times the pulsation takes place dur-
ing one revolution.

The final relation is therefore
A = a sin(mwt) * sin(kwt) (22)

which can be written

A= os [ (k-m) wt ] ——: cos [ (ktm) wt ] (23)

2

. . 1
showing that the disturbances of frequency o (k-m)w

1 . .
and o (k+m)w arc present. Referring this fraquency

to the frequency of rotation. one obtains the frequency
ratios (k—m) and k 4+ m) which can be different from
a whole number. as indicated by the measurements. Such
excitation could well be due to unstable flow pattern in-
duced by the suction casing.

Measurements on the second stage have shown that
the intensity of the disturbance was about 4 times smaller.

Uneven flow distribution at the inlet of axial com-
pressors could have a marked influence on the running
stability of the rotor, especially for high density mediums.
The disturbance could be due to the unstable bad mixing
of two gas streams of different density at the inlet of the
COMpressor.

d)  Wake of Inlet and Diffusor Blading

Tests have shown that a blade row can be markedly
excited by a down stream blade row. A measurement of
blade excitation was made on a large axial fan having
aluminum rotary blades of 3.7 aspect ratio. The number
of rotary blades was 9, and the length was 670 mm. The
number of inlet guide vanes was 14. and of diffusor guide
vanes 10. Marked amplitudes were observed at 270, 325,
390, 500 and 1,000 rpm.

The resonance at 270 and 390 rpm can be explained
by the excitation due to the inlet and the diffusor blades.
At these speeds the blade [requency was 62 and @5 s™! re-
spectively. The other resonances could be explained by the
superposition of the two excitation frequencies due to the
inlet and discharge guide vanes. This combination leads
to frequencies being induced by the difference or the
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Figure 7. Resonance spectrum of the rotary blades of an
axtal fan, due to:

« inlet discharge guide vanes,
b = second harmonic of (inlet-discharge) guide vanes.

¢ = two discharge guide vanes,
d = third harmonic of (inlet-discharge) guide vanes,
e = (nlet guide vanes.

summation of the number of guide vanes. Therefore, the
excitation would be 4 and 24 times the speed of rotation.
The value 24 is to be rejected as being too high to pro-
duce resonance, but the value 4 times the speed explains
the excitation at 1,000 rpm (blade frequency 68 s71) and
at 500 rpm (blade [requency 66 s™1). At this speed of
500 rpm the sccond harmonic of the disturbance is prob-
ably involved. Figure 7 shows the recorded values.

¢) Influence of Rotating Stall. Surging and Guide Vane
Setting on Blade Stresses in Industrial Axial Com-
pressors
Figure 8 gives a dimensionless pressure flow diagram
of an industrial axial compressor with movable guide
vanes for flow regulation. The machine corresponds to a
normal compressor used in blast furnace installations for
example. The working range is limited by the surge line
S. the rotating stall area R and the maximum pressure
limitation P.

[t is of interest to estimate the operating safety marg-
ing of axial compressors by measuring the order of mag-
nitude of the alternating stresses induced in the rotary
and in the stationary blading by normal working condi-
tions.

I'or this reason, a research program on industrial
compressors has been initiated. Since differences were
observed in the stress level between the different ma-
chines, the presented information gives average measured
stress values. Measurements were made either by the
strain gage or by the meander methods.
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Figure 8. Pressure flow characteristics of an axial com-
pressor with movable guide vanes.

In this presentation B is the guide vanes’ setting
angle to the tangential direction, v is the flow coefficient
defined as the average axial flow speed. divided by the
peripheral speed at the rotor surface, and n is the speed
of the machine in rpm. Mu is the dimensionless speed
coeflicient. expressed as the rotation of the peripheral
speed of the rotor hub, divided by the speed of sound of
the gas at this location.

The gas bending stress level of the rotary blades at
the normal operating point was of the order of magnitude
of 300 bar for the first stage heing the object of this pre-
senlation.

1. Rotating Stall

Measurements of the pressure fluctuation after the
first stage of an axial industrial compressor were carried
oul al two locations around the periphery of the channel.
For a working point @ in figurc 8, a periodical change
in amplitude was observed as shown on figure 9. The
pressure measurements at the two locations A and B
around the periphery of the channel reproduce the time
lag due to the angular distance of the two pressure gages
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Figure 9. Rotating stall pressure measurements.
Q@ and working points in figure 8.
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(105°). This information clearly shows that one rotating
stall cell is moving at the frequency f, of 16 s71 the fre-
quency of rotation fn was equal to 41.5 s~

As the working point is approaching the surge line.
point @M . the number of cells changes suddenly to two
as shewn on the same figure. Here again, the time lag be-
tween the measurements at A and B is found to corre-
spond to 105°

It is known [17] that the number of cells increases
with the degree of penetration in the rotating stall area.
At the surge line the cells invade the complete channel
width and are almost spread uniformly around the peri-
phery.

The induced stresses in this area were of the order
of = 3800 bar. and the frequency corresponds to the first
bending of the blade [, = 272 s7".

The following relation exists at resonance with the
blade frequency fs and the number of rotating stall cells
z, the rotating frequency of the cells f, and the frequency
of rotation fn,

. I S ,
‘s::’?(wn—wﬁzz(‘n_‘r)z (24)

As can be seen. this relation is not satisfied and resonance
does not take place here.
2. Surging

Figure 10 shows the first stage rotating blade stress
when approaching the working point @ of figure 8. A
great turbulence. due probably to flow separation on the
blades or rotating stall, is announcing surging. The pres-
sure fluctuations are, however, small and rather uniform-
ly distributed. The blade stresses then suddenly diminish
after reaching very high values. This phenomenon is ac-
companied by a rapid pressure drop behind the rotating
blades. A few seconds later, another phase of high stress
amplitudes is recorded, which could corre 5pond to back-
flow or to a new surging process. However, it is interest-
ing to note that this high stress level is not ace ompanied
})\ a corresponding lawo pressure fluctuation, as was the
case first. This fact ltads us to think that the flow pattern
is not similar.

At point D , figure 11, surging was induced by a
small speed variation. Here again a rather high stress
level is recorded. The frequency of the alternating stress-
es is, for all cases. always corresponding to the first bend-
ing of the blade.
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Figure 10. Alternating bending stresses and pressure
fluctuations during surging of the first stage rotary blade
of an axial compressor.

@ working points in figure 8.
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Figure 11.  Alternating bending stresses first stage rotary
blades of an axtal compressor.

@ working point in figure 8, surging

@ working region in figure 8. opening the guide vanes

Along the surge line, between the points O and @
of figure 8, the calculated flow coeflicients vi at the inlet
as well as wq at the discharge of the compressor were
plotted on figure 12 for a given guide vane setting cor-
responding to three different machines. As can be seen,
the wi values are rather constant when going from point

® to point @ by varying the dimensionless speed

M\l - ljn// \//ER—’I‘? .

in the contrary rather variable. The relative values of
vi and vq show that surging takes place in the first stages.
the other stages having higher flow coeflicients. For cases
corresponding to working points for which vi > vq and
for high pressure ratios, surging may take place in the
last stages.

The discharge flow coefficient vy is

[t is very difficult to find out a valid criterion for de-
fining surging. In some publication [18] it is proposed for
certain types of compressors to use the average value
vit+va
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Figure 12. Dimensionless flow coefficients v at surging
between points 2 and 1 in figure 8, as a function of the
speed Mu, for 3 guide vane setting f3.
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Due to the high stress level, prolonged surging will
cause blade failure. Since the excitation is very complex,
all the blades of one stage could be excited. regardless of
the frequency dispersion. This is not the case or excita-
tions due to pure resonance, for which only the few blades
having the right frequency can be excited in resonance.
Failures due to prolonged surging. where the first five
stages were involved in [atigue failure, are reported in the
technical literature [19]. Surging will also cause great
temperature increases in gas turbines’ combustion cham-
bers due to rapid flow reductions [20].

Below the chocking line K of diagram 8. the vq val-
ucs are much higher than at the normal point, since the
pressure ratio is low. The w; coefficients. however, cor-
respond almost to the layout value, since the inlet volume
flow remains practically unchanged. due to the steep head-
flow characteristics. In this region. the last stages could
therefore be submitted to alternating stresses induced by
flow separation in the blading. Tests carried out on a
laboratory compressor have shown that the stress level is
still acceptable.

3. Blade Vibrations due to variable Guide Vane Angle

The tested machine corresponds to the design shown
on figure 4. Movable guide vanes are used for flow regu-
lation. The degree of reaction of the machine is close to
0.5. Therefore. inlet guide vanes before the first rotary
hlades are necessary to deviate the inlet axial flow to the
suitable angle. During flow regulation and at extreme an-
cular positions. the incidence of the flow to the leading
cdge of the guide vanes departs considerably from the
ideal value. This could lead to flow separation and to
rotary blades” excitations. Tests were carried out along

the line 5-7 of figure 8 at 84 speed. For small guide

vane angles. poinl @ the alternating stresses are rela-
tively small. In the region @. for blade setting angles

of B = 30° 10°

. a sharp increase in stresses was no-
ticed. as shown on figure 11 (working arca @). Such

excitations. due to the guide vane selling. are mentioned
in the technical literature [21] related to aircraft engines.
It was believed in this particular case that blade flutter.
due to detrimental operating flow incidence, was respon-
sible for the observed marked increase in blade stresses.
However, for the industrial compressors tested here, it is
very unlikely that this might be the cause of the observed
sharp stress increase. It is believed that a brutal appear-
ance of flow separation in the guide vanes might be the
reason.

It was found that the stress level diminishes with the
rapidity at which the opening or closing of the guide
vanes is made. The peak values diminish by about 30%
if the total blade angle variation from 13° to 45° is made
within 1 sec instead of 12 sec for example.

POSSIBLE MEASURES AGAINST BLADE
EXCITATION

Based on the previous study. it seems advisable to
try to diminish the alternating stress level due to surging,
rotating stall and guide vane setting during starting. For
compressors having pressure ratios greater than 5, it is
recommended to include in the design an intermediate
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Figure 13. Influence on the rotating stall and surging
of an axial compressor of a gas turbine at shut down.

b = intermediate discharge valve closed (b), open (a).
¢ = approaching surging slowly.

discharge. in order to diminish or even eliminate rotat-
ing stall. Figure 13 shows the alternating stresses due to
rotating stall and surging during the normal shut down
of a 10 MW gas turbine having a pressure ratio of 7.5.
Curve b corresponds to the case with the intermediate
discharge valve closed. When the valve is open, the al-
ternating stresses are given by the curve a. Curve ¢ gives
higher values when the speed of the machine is reduced
very slowly towards surging.

A lacing wire on the rotary blades could of course
drastically reduce the alternating stresses due to rotating
stall or surging. This method was used in older designs,
and tests have shown that the alternating stresses are dis-
appearing completely. The loss in efficiency for a stage
of radius ratio of about 1.5 is of the order of 5%, intro-
ducing a total efficiency loss of about 0.5 to 1% for com-
pressors having a compression ratio of about 5. The lac-
ing wire also contributes to increase the noise level in the
machine by about 5 db.

Some interesting information is published regard-
ing the noise intensity as a function of the ratio blade
chord to blade spacing [22]. In most of industrial com-

. oL D, LA a
pressors this ratio is situated between 0.3 and 0.5. The
difference in noise intensity is of the order of 1 to 2 db.

PROTECTION OF AXIAL COMPRESSORS

The alternating stress measurements presented in
this paper have shown that an axial compressor can be
submitted to adverse working conditions inducing high
alternative stress levels during short periods of time. The
cumulative effect of fatigue can lead to blade failure
alter many years of operation. The following measures or
protections are recommended.

a) Since the fatigue strength of blades is diminished
drastically with corrosion, periodical checking must
be made, and the corroded blades must be removed.

b) About 809% of the blade failures by fatigue are con-
centrated on the first stage in industrial axial com-
pressors. Since the cumulative effect of fatigue can
take many years to cause failure, it is recommended



FIELD MEASUREMENTS OF BLADE STRESSES ON INDUSTRIAL TURBOMACHINES 33

to inspect during routine maintenance the blading of
the first stages by Magnaflux in order to detect incip-
ient cracking.

c) A surge counter is recommended. An estimation of
the cumulative effect of high stress levels is then pos-
sible.

d) If the anti-surge by-pass valve does not open, surging
will occur. An alarm should attract attention, and the
machine should be shut down if surging persists after
5 sec for example.

¢) A detection of the blade amplitude by laser or other
means, capable of changing the working condition of
the machine or of causing its shut down il excessive
amplitudes are present, should be developed.

) For compressors with movable guide vanes the mini-
mum setting angle for flow regulation should be lim-
ited, and the opening of the blading during starting
should be made as ast as possible.

CONCLUSIONS

This presentation has shown that axial compressors
arc submitted to adverse working conditions which may
endanger the machine by causing fatigue of the blading.
The stress values given in this paper represent average
values of tests carried out on about six large industrial
compressors of various sizes. Some of the recorded values
are higher, some arc smaller than those published. How-
ever, the stress level is high enough to require further in-
vestigations to better understand the mechanism respon-
sible for the measured siresses. Tests should be carried
out, both in the laboratory and on industrial machines in
order to be able to find design modifications or operating
sequences diminishing the stress level and thereby in:
creasing the operating safety factor.

The compressor of figure 4, for example, corresponds
to an 80 MW gas compressor for LNG liquefaction plants.
It is fitted with meander to measure blade vibrations of
the first and the sixth stage situated after the anti-rotating
stall discharge valve, during commissioning.
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LIST OF SYMBOLS

™ pressure ratio

\Y volume flow in %

M torque

n speed rpm

a amplitude of blade vibration

f rotating stall frequency

fu blade frequency

fr frequency of rotation

z number of rotating stall cells
second (time)

ouide vane angle to the tangential direction

R T I T T T T L e A I T IR I T

Ow alternating blade stress (%) in bar
v flow coefficient ¢/un (i = inlet,
c d = discharge)
Un average axial velocity m/s
Mu rotor speed m/s
1 bar speed coefficient = un /Y kRT;
1 inch 11.5 psi

24.4 mm



