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ABSTRACT

Tilting pads journal bearing (TPJB) force coeffitie are
usually evaluated by the Lund approach where papegs of
freedom are reduced to those of the shaft (8 Symcius
Reduced Coefficients), therefore for each shaftupeation
pads are assumed to simultaneously response. 3susnation
might not remain valid in the presence of a paldicu
combination of rotor-bearings system and operatioigdition.

In such systems pad inertia leads to a phase tefayeen the
same pad and shaft movement.

Depending on the rotor-bearing system the synchreno
reduced assumption may not be accurate to identigy
instability threshold speed and an explicit modgliof pad
dynamic (degree of freedom) has to be incorporatéa the
rotordynamic analysis. The synchronous reduced odeithstill
accurate in the determination of threshold speedctorent
turbomachine technology. For future advanced chgitey
applications the understanding and definition ofe th
applicability of the reduced method is necessary.

The predicted sub-synchronous instability (negative
logarithmic decrement) presented in this papercaleulated
by introducing in the finite element model (beareneénts)
additional nodes (respect to shaft generalized dinates) at
bearing locations to represent the pads degrefesarfom.

The calculations were repeated to predict the lilgtia
threshold speed using the classical Lund approachitahas
been verified that using this method the instabittireshold
speed is over predicted with respect to those obthin the
above mentioned analysis. The comparison of theutzlons
highlights the important difference in the speedeshold
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values given by the two methods for the systemidensd.

A development activity has been performed to test a
configuration of rotor-bearings system of high phkeral speed
(> 75 m/s) and large bearing diameter (> 180 manrjfying
the tools prediction capability. The scope of thisrk is to
compare experimental observed sub-synchronous tidbra
(instability threshold speed) with the predictioins order to
consolidate the reliability of the method. To ewforthe
validation the same test are repeated with differERJB
designs in order to test different bearing configions in terms
of micro-geometry, pad arc length, pivot stiffness.

INTRODUCTION

As part of a research and development programiassef
activities oriented to develop turbomachineriesigoed with
large bearings at high peripheral speed has bedgormed.
During testing unpredicted instability phenomenauwed, due
to the lack of predictability a different set osamptions were
investigated with respect to the ones used in ldmsical tilting
pad journal bearing (TPJB) modeling.

According to (Lund, 1964) the rotor motion ampligudan
be considered sufficiently small so that the foraeing on the
rotor can be linearized around the eccentricityitpmyg thus the
force results are proportional to the amplitude aabbcity of
the vibration. Assuming to know shaft position aspked the
pressure profile is found, by®lorder perturbation of the
solution the equivalent stiffness and damping fargefficients
are:

daF

dF
=— and Cl.] = —
dui]-

dui]-

K;; (Eq. 2)
Where K represent stiffness and; @amping while F is

the hydrodynamic force obtained integrating the spuee

profile on the shaft surface. TPJB dynamic forcefficients

are represented for a datum speed by 8 reducece forc

coefficients (Figure ).
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Figure Synchronous Reduced DOF modeling

(Shapiro, 1977) included the pad dynamics in thedyesis,
they considered a five tilting pad bearing, buitdia 7x7
stiffness matrix where the 2 DOFs of the shaft dhne 5
rotations of the pad are taken into account. Thgr@vement of
the computational power allowed (Dimond, 2009) tmsider
the pad rotations and translations in a Thermo t&las
HydroDynamic (TEHD) finite elements analysis (Figur).

Figure 1 Full DOF modeling

Additional pivot flexibility has to be included fothe
correct evaluation of shaft and pads equilibriumsifon
(Delgado, 2011). Considering both pad rotation aadial
motion stiffness and damping matrix dimension bee®dPx12
for a 5 tilting pads journal bearing.

An experimental campaign has been performed toaest
configuration of rotor-bearings system with an urals
combination of peripheral speed/system flexibiligrifying the
method prediction capability.

TEST CAMPAIGNS SUMMARY

Test campaigns to understand a 200 mm diametembear
performance and modeling capabilities are presented

1. In the F'test campaign a bearing of 200 mm diameter
was tested (Bearing A). The classical reduced mieffts
showed the rotor to be stable up to 12000 rpm hsiability
threshold appeared at ~7000 rpm. The assumptiateceto the
classical approach to consider bearing rotordynarBic
coefficients have been questioned. During data pastessing
the explicit dynamic of the bearing-rotor systems Haeen
modeled considering a rigid shaft and two degrdese@edom
for each pad (radial and angular). It has beendauresonance
condition of the upper pad at the threshold spbatithe high
level of damping does not explain the instabiligperienced,
the inaccuracy of the calculation is due to notsidering the
shaft flexibility and gyroscopic effect. A finitdeanent method
has been used to model bearings (considering twyoeds of
freedom for each pad) and the shaft; the instghbiliteshold
speed was well evaluated by the code.

2. In order to validate the methodology & 2test
campaign was performed. Additionally to Bearing Aother
200 mm diameter bearing (Bearing B) with differéeatures
and characteristics was tested. A different rotas been used
for this second test campaign. The code was abpeetdict the
threshold speed and the frequency of the sub-sgnols
vibration for both Bearing A and Bearing B demoastrg the
reliability of the method.
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TEST INSTRUMENTATION

Test rig description

The High Speed Balancing facility in GE O&G Nuovo
Pignone has been used for the testing activity. Jthecture
consists of a walk-in tunnel design, the enclosidrthe facility
protects from the risk of a rotor explosion, alé thigh speed
operations can be performed under vacuum conditionisnit
power consumption and temperature due to windatgrtef
The driver is a three-phase motor, a gearbox isgteto allow
operations on a wide speed range which is coupligal tive
testing chamber by a high precision intermediataftshn-
between the intermediate shaft and the rotor abilexdrive
shaft is used in order to decouple as much as lgessie
intermediate shaft and rotor lateral dynamic, meeeothe
flexible drive shaft allows minimal misalignmenfexts.

The pedestals are the same used for high speedchaja
operations and they can accommodate a large varidigaring
sizes. The oil flowrate can be controlled by settime oil
pressure at the inlet of each pedestal.

L Y 8

Figure 2 Test Facility

Vibrations can be measured by two different systems

* Velocimeters in the pedestals (suitable for balaci
operations);

« Proximity probes on the pedestals to measure tjrect
rotor relative vibrations.

MM

Figure 3 Pedestals scheme

Pedestals resonance frequencies related to theallate
degrees of freedom of the rotor are out of the dpaege of
interest. A modal identification activity showed aththe
pedestals dynamic behavior can be described hygtesiegree
of freedom system modeling Static stiffness (K 2@ Njm),
modal dampingq = 0.01) and modal mass (M = 520 kg) have
been used to include pedestals dynamics in the-bataring-
pedestals modeling.
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Figure 4 Dynamic Characteristics

Bearings instrumentation
In all test campaigns, the test instrumentatiotuihed:

Temperature measurements: instrumented pads for
temperature measurements have been used to get the
thermal characterization of the bearings. Standard
PT100 RTDs were installed. The pads were provided
with two temperature measurements on the leading
and the trailing edges.

Pad vibrations: Proximity Sensors were installed
inside the bearing houses, measuring the two most
load/unloaded pads vibrations

Rotor vibrations: proximity sensors were bounded to
the bearing outer shells at the burnishing positidre
proximity sensors were calibrated with the actual
material target.

Moreover:

Standard type K thermocouples were installed on the
bunker oil piping, at the inlet and outlet of each
bearing.

Lubricant mass flow and pressure measurements were
retrieved from the test facility control panel.

RTD: on pads
I 1 {Leading edge
\ % and training

Protimity -
Probe

Figure 5 Pads RTD & proximity probes
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TEST CAMPAIGN — JUNE 2011
L U L L . LJ N R SN [

Predictions — Classical Lund Approach - Jﬁ‘%

The first rotor tested is representative of a ttigbtor” in s - e —a .
order to limit the impact of the shaft flexibiliyn the bearings w0 - - EEN N
performance. The scope of the test was to reacloQ2pm s000F——> ] ‘ ] *
(test rig limit) and measure steady state tempezatin the S
bearing pads. "k . ; TR

Direct lube tilting pad journal bearings with stand 00 N e — P
clearance were purchased to test the above medtioher. 000 j SSV ~52 Hz I; i |

Below are the most important parameters: Ao ST BN v — -

e Bearing span: 2.294 mm 200 100 LNy 20 10 200

° Tota| mass: 1783 Kg REV VIB COMPONENTS CCWROTATION FWD VIB COMPONENTS

. Bearing diameter: 200 mm Figure 8 Cascade plot - Threshold speed’000 rpm

e Bearing axial length:80 mm

e Type of load: Load on pad Based on the experimental result it was possible to
e Lubrication: direct conclude that both frequency and logarithmic deemnwere
«  Test run under vacuum over predicted.

o Postprocessing - Full DOFs approach

Due to the lack of predictability on the instalyilthreshold
speed and because during the test it was obsena¢dhie top
pad starts to vibrate at a sub-synchronous frequbafore the
shaft (Figure Brror! Reference source not found), it was
decided to model the journal bearings without aseg a
synchronous reduced dynamic. Considering a bearigigh
shaft system, an eigenvalues calculation was paddrin order
to evaluate the complex frequency.

Shaft Radius, meters

Axial Location, meters

rrrrrrrrrrrrrrrrrrrrrrrrr

Figure 6 Rotor model

Using the Lund synchronous reduced TPJB force
coefficients the predicted logarithmic decremeng(ldec.) at

7000 rpm of the first mode #s0.45 (Figure 7). ' S
—— forward = ;
—— backward =~ . Unloaded Pad T
5.1\ [
TR I
|\‘\l‘. ‘ M‘ | WP Pad vibibration
l 1 “.‘"“"I\‘l ‘ ﬂ ‘ ods e e Clesmtes0m
\, ! ‘T.\n,,““I il I Figure 9 Trend data
\ NI\\MI“ |
.‘h | 1 . . . .
1=3836.8 cpm = 64 Hz W | \ v‘\\. I Below is reported in a compact matrix representato
d=.4522 logd W) i‘i-vn',' second order differential equation system desagibine
N=7000 rpm M equilibrium of the rigid shaft-bearing system:
Figure 7 First mode at 7000 rpm — .
Ms 0 0 Us Cuu Cug Cuf Us
Moreover non-synchronous reduced TPJB force 0 Jp O0[{64,}+|Cou Coo Cos 9_;
coefficients are used and the predicted logarithdecrement 0 0 M, 2 Cru Cro Cee| |7
(Log.Dec.) at 7000 rpm of the first mode remaimagariant~ $s &
0.45. Ko Kue Ky Us 7
_ + [Kou Koo Kog O =140
Experimental results K Keg Ker + K — 0
During the test it was observed an unexpected high fw o BTG,
synchronous vibration (52 Hz200um), the threshold speed is . . .
around 7000 rpm (Figure 8). Ml g+I[Clg+I[KlGg=F (Ea. 2)

Where u, represent the coordinate related to the shaft
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motion (horizontal x and vertical y), while 0_,; and f_,;

respectively represent pads rotational and radiatdinates. In
this representation it is assumed a rigid rotor hout
considering gyroscopic effects:Mepresents shaft masg,ahd
M, respectively pad moment of inertia and mass.

The second order differential equations system lban
represented in the state space by a first ordeatimms system.
The eigenvalues (complex conjugates) of
characteristics matrix A represent the eigenvaloésthe
bearings-rigid shaft.

{Ez[A]Z+E]ﬁ (Eq.3)
€] 7
0 [1]
|[M K] [M]'[C] (Ea-4)
([A] - ALDX = 0 (Eq.5)

A are the eigenvalues of the system

Using this approach no instability has been foumdhie
speed range of interest while frequencies are cltsethe
experimental values than the synchronous reducefficgents
method. The predicted frequency related to the diigenvalue
is 53 Hz which is very close to the experimentaitability
threshold frequency (51 Hz) and it results loweanttihe one
predicted by the use of the synchronous reducefficieats
methodology (64 Hz).The eigenvector associated thighfirst
eigenvalue (Figure 10) shows a predominant cortdbigiven
by the top pads rotational DOFs. Second predicigengalue
is equal to 62 Hz and are related to bottom padstiomal
DOFs (most loaded pad), this is closer in termBaxfuency to
those predicted by reduced synchronous coefficrathod.

16

14

08

06

04

02

Figure 101% eigenvectors

(Cloud, 2010) showed by experimental activities reofull
coefficients modeling of tilting pad journal beayiis capable
to better predict the stability behavior of theteys, at least for
the base machine configuration considered.

In order to evaluate properly the natural frequesicnd
the related logarithmic decrements of the rotorribpgasystem
an explicit modeling of pad dynamics has to be usethe
rotordynamic analysis, able to describe also fldiigbof the
shaft and especially none diagonal mass matrixudicg
gyroscopic effect (without the hypothesis of rigghaft
previously assumed). In the rotor modeling we nded

the system

introduce additional nodes at bearing locationsefresent the
2 pad DOFs located axially (z) at the same shaderiocation
(Figure 11). In this modeling, the pad inertias laraped to the
additional nodes (Dimond, 2012).

o6 0108 W60 V14 U IS 2T U B RINGI
el ﬁL 36 437 W

PR -y 6 o
st I T IO NI L B e
0.2
0.4
0.6
0.8+

Figure 11 Explicit pads modeling

Mp,

Using the Full DOFs modeling the instability ongets
been calculated at 7000 rpm which is the same émeoy
predicted in the previous eigenvalues analysis K&3. The
predictions of the first eigenvalue logarithmic dmuent versus
speed of the two methods are compared (Figure 12).

1st forward - Log dec vs speed
0.9

0.7 +
05+
03 T

0.1+
i } i !
T T T

-0.30p0. 5000. 7000. 9000. 11000.
0.3

Log Decrement

Rotor Speed, rpm

—&— Reduced coefficients Full coefficients

Figure 12 1% mode log. dec. vs speed

In order to validate the full DOFs methodology avriest
with same bearings but a different rotor was planne

2° TEST CAMPAIGN — September 2012

Predictions — Full DOFs approach

The second rotor (Figure 14) is representative oigal
steam turbine rotor.

Below the most important shaft parameters:

e Bearing span: 1.579

e Total mass: 2572 Kg

e Bearing diameter: 200 mm
* Bearing length:80 mm

* Type of load: Load on pad
» Lubrication: direct

* Test run under vacuum
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Experimental results
o During the test performed with Bearing A it was eth&d

. a subsynchronous vibration (59 HZ00um) appeared around
T m 8000 rpm (Figure 16).
ZOA__ W _W__j_l_ i m - 2z
Lﬁ Il |
’ " A:\Bal Location, meJthrs " ’ é ¢ = z = g‘
Figure 13 Rotor Scheme = :
The instability is predicted at 8000 rpm, 1000 rpigher ] SSV~59Hz o - ‘ ‘
than the previous system test&igenvalues calculation shows T A

that the instability is related to top pads at 58 A number of FREQUENCY: 20T

features and parameters influencing the threshpéd were REVSGT;?ENE(S Cascade ploc'?R—OTAg(Nearing Adesigﬁwiv?rcﬁMer;NI:b
identified in pad arc length and pivot arrangemémtorder to speed ~8000 rpm

increase the stability threshold speed a new ingmidvearing

design (Bearing B) was tested in this last rotarfiguration.

The logarithmic decrement vs speed stability chart
presented (Figure 15); the red line representsaparithmic
decrement prediction using the classical reduceafficents
method (invariant for the two types of bearingg treen and
the blue lines represent predictions with the fidefficients
method respectively for Bearing A and Bearing B.eTh
frequency of the i mode for the improved bearings E
configuration is predicted at 68 Hz (Figure 15). S0

The test conducted on the same rotor with the BgaBi
showed a sub-synchronous incipient increase up9@® 9pm
with a frequency of 66 Hz (Figure 17).

”»
»

.
10000 fi=

9000

SPEED: 200 rpmidiv
AMPLITUDE: 20 um ppidiv

1st forward - Log dec vs speed

5000

0.9 4000 —
£ o7t “H  SSV ~66 Hz
g 05 T A 200020 ‘ ‘ ‘ ‘ 1L0 ‘ B — — : ‘ Wlltl ‘ ‘ ‘ ‘ ZLLO
8 03 -+ i ) FREQUENCY: 20 Hz/div
D 0 l 1 REY V\B-COMPONENTS CW ROTATION . i FWD VIB COMPONENTS
g } . = Figure 17 Cascade plot — Bearing B design - Threshb
= 5o 6000. 8000. 100M>00. speed ~9900 rpm
0.3
Rotor Speed, rpm Prediction for this test configuration is in googreement
—+—Reduced coefficients —— Full coefficients - new bearing with measurements. Additionally it is useful to erlthe that
Full coefficients - old bearing just before the rotor sub-synchronous vibratiois possible to
Figure 14 1% mode log. dec. vs speed distingue a phase delay only for top pad while ib&om pad

remained completely in phase with the rotor. Thenmmena
can be recognized looking at the static positioange in the

x10°

e 75N trend vibrations of the instrumented top pad. Thatis

" 7 & " n component of vibration was measured before rotob- su
' ""‘/ e }75{ synchronous vibration while no zero Hz components wa
Py - Jodee Moo measured on the bottom pad (Figure 18)

(] u.2 4 3 1 12

Figure 15 T mode instability frequency
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Figure 18 Phase Bode Diagram & pad vibration in tine

The top pad main frequency component confirms the
“delay of synchronization” with respect to the notabration
and consequently the inadequacy of the assumptiooise by
the synchronous reduced method where no delaynie is
possible to capture (J. Frene, 1997).

The Bearing B design has been tested also witHiriipa
end seals to understand if the changes in the laoynd
conditions (from an evacuated bearing to a flootedring)
have any effect on the bearing behavior. Even éf ltlearing
with end seals exhibits less amplitude of vibratibe same
sub-synchronous component appeared at the samehdide

speed (Figurd 820).

M

a

L | L

b — e et 1

10000 I 1 X I == A
N E T =] 1z
= Iy I T %" JE
E = . 1z
=] E 1 1 i 1 - .
£ s000F ! QJL - I 158
& E ! ! ! 18

7000 t J 4

SSV ~66 Hz | | ]

6000 [ 5% T et e

100 10 0

-200 0 200

FREQUENCY: 20 Hz/div

REY VIB COMPONENTS CW ROTATION FWD VIB COMPOMNENTS

Figure 20 Cascade plot — Bearing B design with erskals-
Threshold speed ~9900 rpm

CONCLUSIONS

A test campaign has been executed to investigage th
performance of an unusual combination of a large bearings
and high peripheral speed (>75 m/s).

It is very important to highlight that there is rmtcertain
peripheral threshold speed to be considered inrgeaelimit
for a sub-synchronous issue. The same authorsiecerthe
reliability of the reduced coefficients method fbe evaluation
of stability threshold speed of various additionadtors
equipped with smaller bearing diameters at the gaenpheral
speed or at different specific load.

During the test unexpected instability phenomenaewe
observed below the target peripheral speed evprefictions
using classical methods (8 reduced TPJB coeffis)gmedicted
stable operations. A different methodology for évaluation of
instability onset has been identified to overcore lack of
predictability of the reduced coefficients meth@bnsequently
an additional experimental activity has been cotethan order

to validate the full DOFs approach. Predicted ipifits
threshold speeds have been observed during tdstdifierent
rotors and bearings. The prediction methodologyvad
identifying the main parameters influencing the einspeed
position; modifications of critical features in thearing design
allowed to reach a peripheral speed of 104 m/souitlany
SSV. In the full DOFs method used on this job abp are
considered loaded and oil film stiffness transmitbration
from pad to the shaft (shaft+padisoupled system),
consequently no possibility of pad fluttering aresgible to
predict. In any case pad flutter is a local indibi(not
transmitted to the shaft due to unloaded pad) tyaically
remain confined in a large sub-synchronous broaddba
(Decamillo, 2008) and not locked on a single fretuyeas the
phenomena experienced during tests.

The additional experimental activities confirm
reliability of the full DOFs methodology to captursub-
synchronous incipience and allow in the future tesign
advanced machine architecture in terms of high dspaed
bearing size.

the

NOMENCLATURE

6,= pad rotation (see figure 2) (rad)
9p= pad rotational speed (rad/s)
ép= angular acceleration of the pad (r3d/s

¢p= pad translation (see figure 2) (m)
f'p: pad translation speed (m/s)
&,= pad acceleration (/s
¥ = angle between the fixed coordinate system a@d th
coordinate system linked to the pad (rad)
s = shaft rotating speed (rad/s)
Cii = direct damping in the i direction (Ns/m)
Cik = cross-coupling damping due to the i-

component of force in the k direction (NpB/m
[C]= damping matrix (Ns/m)
[F]=forces matrix (N)
J, = pad moment of inertia (k@m
K;i = direct stiffness in the i direction (m)

Kix = cross-coupling stiffness due to the i- comporéribrce

in the k direction (Nsn)
[K]= stiffness matrix (N¥sn)

M; = shaft mass (kg)
M, = pad mass (kg)
[M]= mass matrix (kg)
ug= shaft translation (m)
U, = shaft translation speed (m/s)
il, = acceleration of the shaft (/s

Copyright© 2013 by Turbomachinery Laboratory, TeR&M Engineering Experiment Station



APPENDIX A

1°T ROTOR MATERIAL

2P ROTOR MATERIAL

PROPERTIES
Density Elastic Shear
Modulus | Modulus
P E G
kg/m3 N/m?2 N/m?2
7850 207.0E+9 79.7E+9
15T ROTOR GEOMETRY
Length oD ID
m m m
0.073 0.160 0.000
0.106 0.160 0.000
0.100 0.160 0.000
0.087 0.222 0.000
0.189 0.268 0.000
0.149 0.268 0.000
0.052 0.263 0.000
0.015 0.280 0.000
0.075 0.347 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.340 0.000
0.030 0.311 0.000
0.058 0.340 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.058 0.338 0.000
0.058 0.338 0.000
0.030 0.309 0.000
0.075 0.347 0.000
0.015 0.280 0.000
0.038 0.260 0.000
0.149 0.268 0.000
0.201 0.268 0.067
0.100 0.184 0.067
0.043 0.184 0.080
0.063 0.184 0.139

PROPERTIES
Density Elastic Shear
Modulus | Modulus
P E G
kg/m3 N/m?2 N/m?2
7850/ 207.0E+9 79.7E+9
2"° ROTOR GEOMETRY
Length oD ID
m m m
0.010 0.198 0.120
0.200 0.198 0.030
0.235 0.198 0.030
0.035 0.220 0.030
0.045 0.224 0.030
0.045 0.256 0.030
0.045 0.341 0.030
0.041 0.566 0.453
0.041 0.566 0.453
0.010 0.566 0.453
0.020 0.666 0.453
0.037 0.666 0.560
0.052 0.666 0.560
0.017 0.666 0.560
0.043 0.666 0.030
0.012 0.666 0.030
0.037 0.666 0.030
0.081 0.666 0.030
0.028 0.666 0.030
0.077 0.666 0.030
0.021 0.666 0.000
0.012 0.666 0.000
0.118 0.666 0.000
0.017 0.666 0.000
0.056 0.666 0.000
0.055 0.666 0.000
0.055 0.666 0.000
0.020 0.443 0.000
0.020 0.395 0.000
0.020 0.372 0.000
0.020 0.361 0.000
0.013 0.360 0.000
0.251 0.198 0.000
0.208 0.198 0.000
0.002 0.090 0.000
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