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ABSTRACT

High pressure centrifugal compressors are often equipped
with honeycomb seal on balance drum in order to optimize
rotordynamic stability. In very high pressures applications
(>200 bar) the direct stiffness and damping of the honeycomb
seal may reach the same order of magnitude of the journal
bearings, thus altering the peak frequency and amplification
factor of rotor critical speeds as well as their mode shapes. This
phenomenon is ultimately due to the density and viscosity of
the gas leakage flowing through the seal, and it has a
substantial effect on the rotordynamic behavior of the
compressor.

According to current standards, aerodynamic seal effects
are not necessarily included in the calculation of rotor response
to unbalance. For high pressure compressors equipped with a
honeycomb seal, the associated aerodynamic effects may have
major impacts on rotor critical speeds in terms of frequency,
amplitude and amplification factor. A procedure for the

calculation of rotor response in loaded condition is here
proposed, aiming to improve the predictability of the
rotordynamic analysis and to provide practical criteria for the
evaluation of the outcome.

A back-to-back compressor with final discharge pressure
of 386 bar is presented as case study; it was tested at full
pressure at Authors’ Company facilities in 2013. In this case
the stiffening effect of the honeycomb seal is particularly
relevant, since it is positioned close to rotor midspan. Test
measures show that in loaded condition the 1st critical speed
shifts upwards by several thousand rpm, eventually exceeding
the Maximum Critical Speed and even the Trip Speed of the
compressor.

INTRODUCTION

High pressure centrifugal compressors are often equipped
with honeycomb seal on balance drum, since its use in place of
a classic labyrinth seal improves effectively the stability of the
rotor while not yielding any significant impact in terms of
layout, performance or reliability.

Rotordynamic instability is due to aerodynamic excitation,
mainly generated by the gas circulating in the narrow annular
cavities corresponding to rotor-stator seals. Physical models
show how these destabilizing effects correspond to high cross-
coupled terms of the stiffness matrix (k,), that have the overall
effect of reducing the effective damping acting on the rotor.
The knowledge of this mechanism might origin a
misconception about how the honeycomb seal “works”, i.e. that
it would improve the stability of the rotor by adding little or no
cross-coupled stiffness with respect to a standard labyrinth seal.

Test results carried out at OEM laboratories (Vannini et al.,
2011) show the opposite: honeycomb seals are often associated
to higher cross-coupled stiffness than the equivalent labyrinth
seals; nonetheless, the overall stability is improved due to the
direct stiffness and damping added by the honeycomb, that are
much higher than for a traditional labyrinth. The small
reduction of effective damping caused by Ky, nc is
overwhelmed by its large increase due t0 Ky, e and Cy nc.
Overall, the effective stiffness K and the effective damping
Cefr are improved.

Honeycomb stiffness and damping are function of quite a
large number of geometric and operating parameters, and in
particular they strongly depend on the density of the gas
flowing through the seal and on the pressure differential across
it. They can be estimated with the aid of calculation codes such
as Isotseal™, a tool based on a two-control-volume model
developed by (Kleynhans and Childs, 1997), whose results
have been experimentally confirmed (Childs and Wade, 2004).

For high pressure applications, Ky jic and Cy ic may reach
values comparable to those of the journal bearings; in this case
the honeycomb acts in some way as a third journal bearing,
causing significant variations of the rotordynamic behavior:
critical speed peaks are shifted upwards in frequency, while
their amplification factor is usually reduced and the vibration
amplitude at journal bearings decreases; mode shapes are
changed; even the shaft centerline position is altered (Fulton
and Baldassarre, 2007). Therefore a rotordynamic model that
does not include honeycomb seal effects is representative of the
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compressor operating at low or no load.

The first paper reporting experimental data relevant to the
rotordynamic effect of a honeycomb seal is (Benckert and
Wachter, 1980) and it was followed by more refined
rotordynamic analyses that allowed to better evaluate the
stiffness and damping associated to the honeycomb seal and
their effect on rotordynamic stability, and to assess the
influence of the clearance tapering (Childs, 1983; Nelson,
1984; Childs et al., 1989). Further experiences documented the
effect of honeycomb seal on actual turbomachinery (Zeidan et
al., 1993; Memmott, 1994; Gelin et al., 1997; Smalley et al.,
2003).

These effects have been also experimentally verified by

comparing radial vibration measured in mechanical running test

under vacuum (no load conditions, zero honeycomb effects)
and in full load test. Figure 1 shows such a comparison for an
existing high-pressure compressor, manufactured and tested by
Authors’ Company in 2007. In full load test conditions, at
about 200bar(a) suction pressure, the first critical speed peak
was shifted in frequency by more than 13%.
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Figure 1. Bode plots of a high pressure centrifugal compressor.
a) no load, b) full load.

Figure 2 represents another example of the effect of the
honeycomb in high pressure compressors, showing the
waterfall diagram of a compressor that is run at constant speed
while increasing the load (i.e. pressurizing the gas loop). The
upward shift of the first critical speed is clearly visible.

Figure 2. Waterfall diagram of a centrifugal compressor (type
BCL306/C) equipped with honeycomb seal. The white, blurred
band corresponding to the 1st critical speed peak is initially
centered around 100Hz and the shifted up to ~150Hz when
increasing the load.

An analysis of this topic was performed, focusing on the
following main steps:

o Development of a reliable calculation model for the rotor
response to unbalance in loaded conditions, including the
honeycomb seal effects.

e Validation of the model through comparison with
experimental data.

e Formulation of a general procedure for this rotordynamic
analysis, derived from the standard guidelines for response
to unbalance calculation provided in (API617, 2002). The
application of the calculation model is not straightforward;
some further assumptions are needed, as well as the
selection of set of boundary conditions as representative of
the general behavior of the compressor.

e Proposal of specific acceptance criteria, consisting in a
generalization of API617 approach to response to unbalance
calculation without aerodynamic effects.

THEORETICAL MODEL

Rotordynamics deals with the resolution of the dynamics of
a rotor in the sense that natural mode shapes and frequencies
are calculated. Moreover, in order to estimate the maximum
deflection of the rotor, the effect of a periodic external load
(unbalance) is applied in the maximum effect position,
depending on the mode shape. Finally a stability analysis is
carried out (AP1617, 2002).

The rotor is modeled by a finite elements scheme, including
all the elastic and geometrical properties of each component.
The model includes the rotor itself (i.e. shaft, impellers,
coupling, sleeves, and so on) and the supports. In a rotor
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equipped with oil bearings, the damping coming from the
material internal friction is neglected since it is several orders
of magnitude lower than the oil bearing damping. In this
respect, the schematization depicted in Figure 3 is employed.
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Figure 3. Schematization of rotor + journal bearings. Statically
determined system

It is assumed that there are not significant variations in the
geometry so that the inertial tensor [1] is constant. The only
frequency (or speed) dependent quantities are the stiffness and
the damping matrices of journal bearings. Moreover, these
matrices are function of the static load p on the bearing itself. In
a statically determined system, as the one depicted in Figure 3,
the support reactions are constant, since they are not functions
of the system stiffness. This is the typical case of, for example,
the API617 mechanical running test (MRT).

The more general case of overconstrained system is
depicted schematically in the Figure 4. The reactions at each
support are functions of the system stiffness, each seal being a
support that can be modeled by stiffness and damping matrices.
Seal and honeycomb dynamic characteristics are function of
speed and thermodynamic conditions but only slightly of static
eccentricity (or, which is the same, of static load).

In general, seal eccentricity plays also a role in the
frequency dependency of the seal dynamic coefficients.
However, this dependency can be considered negligible
provided that the maximum relative eccentricity is lower than
50% (Nielsen at al., 2012; Weatherwax and Childs, 2002;
Weatherwax and Childs, 2003).

Moreover, preliminary results of tests carried out on
honeycomb seal by author’s company, seem to indicate that
even at high pressures (~100 bar) the dependence of seal
dynamic coefficient with static offset is negligible.

Bearing characteristics, on the contrary, are dependent on
static load. Moreover stiffness and damping coefficient of
bearing and labyrinth seals are almost non-frequency dependent
(and usually are taken constant and equal to the synchronous
value) while honeycomb shows strongly frequency dependent
characteristics. It is worth noticing that in case of a honeycomb
seal, the stiffness and damping matrices are also function of the
rotor-stator gap and of its shape (tapering), in turn, is a function
of speed, pressure and temperature surrounding it.
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Figure 4. Schematization of rotor + journal bearings +
honeycomb seal. Overconstrained system

Simplified approach

A first estimation of the AF and of the SM of the 1* forward
mode in loaded conditions can be obtained by the results of
standard level 11 stability analysis as per API1617.
In particular:
e the amplification factor can be estimated by n/d where
d is the calculated logarithmic decrement in loaded
conditions;
o the separation margin is derived from the difference
between the mode frequency in loaded conditions and
the operative speed range.

The approximation of this simplified approach is generally
acceptable for an estimation of the response to unbalance under
loaded conditions.

More precise results can be obtained by the approach presented
in the next paragraphs; for a comparison of the two approaches
on an existing project see Table 1.

Condition 1st Forward Mode

SURGE MCS AF Frequency (cpm)
No Load 8.03 7050

Load, simplified

approach (Lev Il 3.05 9190
results)

Load, FPU Analysis 3.56 9500

Table 1. Comparison between results of simplified approach
and complete analysis for an in-line high pressure compressor
(Psuc = 60 bar ; Pdel = 180 bar)

Complete analysis

The first step for solving the complete rotordynamic
problem is the solution of static case. Figure 5 below shows a
flow chart summarizing the procedure for solving the static
case.
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Figure 5. Static solution of the rotordynamic model. Since the
bearing constitutive equation is not linear in the displacements,
a Newton-Raphson solver scheme has been employed for the
blocks in the red dashed envelope

Given the geometry, the rotational speed and the flow
characteristics, the procedure consists of the following steps:

1. Assume the displacements along the two directions
(horizontal and vertical) at bearing locations Xg

2. Solve the bearing with given eccentricity. As output the
reactions (p) at bearings are calculated.

3. Calculate the bearing direct stiffness as Kprg = p/Xprg

4. From the seal module, calculate the stiffness matrix of seals
Kseal

5. Solve the overconstrained problem and obtain the
displacements at bearing locations X;

6. If| Xo - Xy| < tolerance then convergence is reached; update
the speed value and go to step 1, until all the speeds have
been explored. Otherwise update Xy and go to step 2.

Since the constitutive law for the bearing (e.g. the force-
displacement law) is not linear, a Newton-Raphson procedure is
used to solve iteratively the problem in the four bearing
displacement unknowns (the update rule in STEP 6). In the
above procedure, stiffness and damping matrices of labyrinth
seals and bearings are considered constant with frequency and
equal to the synchronous values, while honeycomb seal
characteristics are frequency dependent”.

1 The flow in the honeycomb seal is a function of the stator-rotor gap
shape (tapering). Therefore stiffness and damping matrices are also
functions of the local geometry that, in turns, is a function of
temperature and pressure. The presented flowchart assumes a given,
constant tapering. A more general and complete analysis would
include the calculation of deflections of honeycomb seal and the
analysis of the gap shape leading to complicate modelling. This can be
overcome by repeating the procedure at given tapering values.
Additionally, considerations on the seal eccentricity should be done in
case of high eccentricity ratios (>50%).

The dependence of the honeycomb dynamic characteristics
with frequency leads to follow a special procedure for the
construction of the Campbell diagram.

Campbell diagram procedure:

1. Initialization: i=2

2. Divide the frequency range into a number of intervals
sufficiently small to assume that the values of stiffness and
damping are constant in that interval

3. Calculate the central frequency at the given

interval f_i = ﬁ

4. Calculate the honeycomb stiffness and damping matrices
KHC(fi) and CHC(fi)

5. Calculate modes and frequency of the rotor with all
supports

6. Record the mode with frequency belonging to the interval
[f,; f.,]. Record also its logarithmic decrement,

7. Seti=i+1, repeat steps 3-7 until the maximum frequency is
reached

8. Plot the recorded frequencies and logarithmic decrements as
function of the speed

Such a procedure is needed because of the frequency
dependence of the honeycomb characteristics. In case of only
labyrinth and bearings, Campbell diagram can be constructed in
a single run since synchronously reduced bearing coefficients
have been used.

The procedure of Figure 5 shall be repeated at each
thermodynamic state or, in other words, at each compressor
operating point. Indeed, for example, if a start-up sequence is
simulated, in order to have the thermodynamic state at each seal
station the load sequence shall be known or assumed.

Figure 6 shows a typical operative envelope (map) of a
centrifugal compressor (pressure ratio vs. volumetric flow as a
function of speed). A starting sequence from 0 rpm to
maximum continuous speed can be done along any pressure-
flow-speed path inside the map, depending on the circuit
characteristic curve. As limit cases, the yellow dots represent a
hypothetical ramp-up done along the surge line, whereas the
red dots represent a ramp-up done along the choke line.
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As extreme case analysis, a ramp-up along surge with the
highest molecular weight and a ramp-up along choke with the
lightest molecular weight can be assumed, being all other cases
included into these two extreme cases.

The procedure shown above has been applied to a back-to-
back centrifugal compressor and results have been compared
with the full load test carried out at author’s shop.

BACK-TO-BACK COMPRESSOR DESCRIPTION AND
ROTORDYNAMIC MODEL

Case Study

The above procedure has been applied to a back-to-back
compressor equipped with honeycomb seal as center seal and
results are compared with test readings acquired during a full
load test made at OEM factory. A cross section of compressor
is depicted in Figure 7. Table 2 collects some compressor’s
data.

L2

= =1
T

_ | | LI

Figure 7. a) Centrn‘ugal compressor cross section. b) Rotor
detail

Compressor Configuration Back to Back
Process Gas Nitrogen
Compression Stages # 5(3+2)
Operating speed range (rpm) 7604-11408
Journal bearing type Tilting pad
Journal bearing nominal diameter 120

(mm)

Coupling(s) size (mm) 120
Bearing span (mm) 1420

Rotor length (mm) 1928

Rotor total mass (kg) 450
Suction Pressure (barA) 110
Discharge Pressure (barA) 330

Table 2: Main Compressor data

Figure 8 shows the speed and pressures at four flanges as a
function of time considered in the present simulation for which
all experimental data are available.

The maximum achieved pressure is 330 bar(g), with a
differential pressure across the interstage balance drum (where
honeycomb is located) of about 110 bar. The suction pressure is
110 bar(g) at regime, SOP is 146 bar(g).
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Figure 8. Readings during full load test used for the FPU
analysis.

The dots in Figure 8 represent the thermodynamic states
where the compressor performances and the seal coefficients
have been calculated.

The rotor model is depicted in Figure 9.

Figure 9. Rotor model of 2BCL505/C centrifugal compressor.
Standard AP1617 analysis (no load response to unbalance)
API1617 requires performing an unbalance analysis for the

system rotor plus bearing without any contribution of the seals.
Figure 10 below shows the results of such analysis for the case
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under study for a 4U unbalance (~1000 g*mm, where U= 6350
W/N) placed in the middle of the rotor. The location of the
unbalance is chosen to excite the first mode. Here station 5 and
46 are the bearing locations whereas station 25 is the middle of
the rotor where the interstage balance drum equipped with HC
seal is located. Figure 11 shows the Bode plot recorded during
MRT. Figure 12 shows the relative Campbell diagram where
the only contribution of the bearings is considered. The
resonance at the critical speed is around 6900 RPM and an
amplification factor of 4.8 (log dec of 0.64) is calculated.
Predicted critical speed is in good agreement with measured
critical speed and the measured AF is about 5.

The Campbell diagram clearly shows the second mode is
well above the operational envelope of the machine. In the
Campbell diagram blue stars represent the frequencies of each
mode, and logarithmic decrement is reported in red text when it
is less than 1.3, in black when it is between 1.3 and 2.5; it is not
reported for values above 2.5.
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Figure 10. AP1617 response to unbalance.
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Full load response to unbalance

A full pressure unbalance (FPU) analysis as described
above is carried out imposing a 4*U unbalance weight at the
maximum deflection point of the unloaded first mode and
taking into account all the stiffness and damping matrices of all
seals (this is an approximation since the mode shape changes as
the stiffness of the system changes, so, in principle, the
maximum deflection point in a given condition moves as
operating point changes).

Figure 13 shows the Campbell diagram with aerodynamic
effects of the rotor under study. Blue stars represent the
frequencies of the modes. Logarithmic decrement is reported in
red text if itis less than 1.3, in dark if it is between 1.3 and 2.5,
and it is not reported for values above 2.5. It is worth noticing
how after a certain speed (around 7000 rpm) the frequency of
the first mode starts to increase and it follows the 1Xrev. This is
due to the fact that the increasing pressure ratio across the
honeycomb starts to increase its stiffness. Honeycomb is
located at the center of the rotor so it is starting to act as a third
bearing stiffening the system. This effect is known as “speed
tracking” (AP1684). No effect is recorded on the second
flexional mode (the one with low log dec) since this mode has a
node in the center of the rotor. Now the critical speed of the
rotor is not definable and, in fact, vibrations always increase
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with speed without peaking (Figure 14).

The same behavior has been observed during the full load
test as depicted in Figure 15, where the critical speed is not
clearly defined.
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mode rotor unbalance
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Figure 15. Vibration measurement (Bode plot) during full load
test

By comparing Figure 11 and Figure 15 it can be inferred
how at the same speed, the measured peak-to-peak vibration
goes from 16.7 micron of MRT case to 4.1 micronsof full load
test, being the ratio between no load vibration and loaded
vibration 0.25.

It is worth noticing that now the system is much more stiff
and able to withstand large unbalances. To enforce this concept,
Figure 16 below shows the comparison of the deformed shape
of the rotor under the same unbalances at the critical speed for
the predicted no load and loaded case. The vibration level
considering the seal’s contribution is three times less by
comparing Figure 10 and Figure 14.
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Figure 16. Comparison of half peak vibration of 1% mode
between no-load and loaded conditions

Campbell diagram above, in Figure 13, has been
constructed following the procedure described in previous
section. In particular, the static equilibrium iterative procedure
has been followed. Such procedure, anyhow, is very
complicated and it can discourage the design engineer.

For this reason an attempt has been done to skip the
iterative procedure and to consider the load on the bearing
constant and equal to the one from simply supported rotor.
Campbell diagram below in Figure 17 shows the results. It is
clear, comparing Figure 13 and Figure 17, that the iterative
procedure can be avoided where the contribution of the
honeycomb is predominant as generally is the case in high
pressure compressors. However, in a more general case if the
eccentricity ratio is very high, a dependency of the seal
dynamic coefficients with local displacements (e.g. local
eccentricity) shall be taken into account by iterating also on the
seal reactions. This is not the case for the present analysis, since
both the tolerances on concentricity and the peak-to-peak
vibrations are small compared to the seal clearances. This
assumption is confirmed also by the good matching between
prediction and test.
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Figure 17. Campbell diagram for the simplified solution (fixed
load on journal bearings, independent from honeycomb seal
coefficients).

IMPLICATIONS FOR THE END USER

Due to the strong alterations caused by the honeycomb seal
on the response to unbalance of high pressure compressors, the
ordinary acceptance criteria for rotordynamic design (based on
Separation Margin and Amplification Factor calculated without
seal effects) may be not sufficiently accurate to assess the
rotordynamic behavior in load conditions. On the other hand,
the direct extension of API617 criteria to all possible operating
conditions (inlet gas conditions, speed, flow rate) would be
excessively conservative and often impossible to fulfill, besides
generating an unnecessary and confusing amount of
calculations and results. The purpose of the Authors was
therefore:

1. to define the subset of centrifugal compressor
applications where the inclusion of aerodynamic effects in the
calculation of response to unbalance yields a significant
improvement in predictability over the traditional AP1617
approach.

2. to propose a specific calculation procedure for the above
identified cases.

3. to update the relevant acceptance criteria.

1. Applicability

Compressors equipped with honeycomb seal, for which the
pressure differential across the seal evaluated at normal
operating point is higher than 100bar (for in-line arrangements)
or 50bar (for back-to-back arrangements, with honeycomb seal
on the interstage balance drum) and the 1% forward mode
calculated by AP1617 Level Il approach yields a not
satisfactory separation margin.

The procedure is referred only to response to unbalance
across 1% critical speed. For high pressure compressors, higher
critical speeds are typically outside the operating speed range
and therefore not addressed by this study, although in principle
the same approach can be extended to them.

2. Calculation Procedure:

2.1 Select case A as the most critical operating case on
datasheet, according to the following criteria: highest gas
molecular weight, highest discharge pressure at MCS &
surge limit

2.2 Select case B as the least critical operating case on
datasheet: lowest gas molecular weight, lowest discharge
pressure at MCS & choke limit.

2.3 For case A trace a run-up ramp from zero to MCS that
crosses each operating speed at the surge limit (yellow dots
in Figure 6), and calculate the thermodynamic parameters
of the compressor in at least 6 points across the ramp, in the
speed range between 1st critical speed at no load and MCS.

2.4 For each point identified at previous step, apply the
procedure depicted in the Figure 5. It is not necessary to
iterate on the bearing displacements since the impact on
results is negligible as shown in Figure 17. Assumptions
about the honeycomb tapering shall be done for each point,
for example by considering a constant value along the load
path.

2.5 Plot the vibration amplitude vs. speed at the following rotor
stations: DE and NDE radial vibration probe locations,
labyrinth and honeycomb seal locations, coupling hub(s)
location. Use these diagrams to calculate the 1% critical
speed peak frequency, amplitude and AF.

2.6 Repeat steps 2.3 to 2.5 for case B.

As an additional note, most compression trains are started
up in recycle, and then throttled to the design point by the
closing of the recycle valve. This would make Case B more
common.

3. Acceptance Criteria:

For high pressure compressors the inclusion of honeycomb
seal aerodynamic effects in the calculation model may shift the
1% critical speed peak frequency by several thousand rpm. This
means that in most cases it is materially impossible to have the
Separation Margin requirement (defined as per AP1617)
fulfilled over the specified operating speed range for both full
load and no load conditions, as well as for all the possible
intermediate operating conditions. It may happen that the CS1g_
is close to or higher than CS2y,, thus leaving no speed value
between 1% and 2" critical speed absolutely free from
intersections.

The above considerations suggest that the ordinary
acceptance criteria based on Separation Margin cannot simply
be extended to the full load case. In order to define an
optimized rule, it is helpful to review the evolution of the
acceptance criteria defined by API, as referred mainly in
(Nicholas, 1989):

e Originally API617 (up to 4" ed.) prohibited rotor operation
on or near any critical speed, regardless of its amplification
factor, defining a required minimum distance (separation
margin) between the critical speed peak and the operating
speed range.

e Since 5" edition, the requirement of a minimum separation
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margin was lifted in the case of very damped critical speed
peaks: "If the amplification factor is less than 2.5, the
response is considered critically damped and no separation
margin is required".

o A further concession was introduced, specifying that "If the
analysis indicates that the SMs still cannot be met or that a
non-critically damped response peak falls within the
operating speed range and the purchaser and vendor have
agreed that all practical design efforts have been exhausted,
then acceptable amplitudes shall be mutually agreed upon
by the purchaser and the vendor, subject to the requirement
[that] the calculated unbalanced peak-to-peak rotor
amplitudes [...] shall not exceed 75% of the minimum
design diametral running clearances throughout the
machine".

The spirit of this concession is in line with the main concern
of having critical speeds within the operating speed range of a
rotating machine, which is the high vibration amplitude
associated to resonance condition; it could possibly lead to
malfunctioning and damage (rotor-stator rubbing). Even the
definition of overdamped critical speeds is based on the same
philosophy: the amplification factor is in some way a measure
of the peak vibration amplitude with respect to the amplitude
away from the critical speed; therefore a low AF (<2.5) is
considered not "dangerous" for compressor integrity even in
continuous operation.

API1617 criteria may incur in the following objection:

Is it redundant to impose limits on the amplification factor
and separation margin? The same standard already provides a
limit for maximum vibration amplitude A within the operating
speed range (API617, Ch.1, 2.6.8.8), that has to be verified
during mechanical running test. If a rotor has maximum
vibration amplitude Anax<A and an undamped critical speed in
the operating speed range, does it represent a concern?

The answer is that, even if Ap<A, an undamped CS peak
within the operating speed range has some residual criticality,
since its amplitude is very sensitive to changes in operating
parameters.

For a given exciting force with modulus Fy, the vibration
amplitude is directly proportional to the amplification factor,
that in turn is function of the damping ratio ¢

CS
6= 2mao, @
1
AF = —
27 )
3
AziAF @
k

The damping ratio is determined by the stiffness and
damping coefficients of the system, which can be altered for
example by changing the viscosity of the bearing lube oil, or
the journal bearing clearance. Figure 18 shows that the AF

sensitivity to ¢'is very strong in the high-AF zone, while it is
almost negligible when AF is low. This diagram makes clear
the rationale behind selecting a threshold value for AF: for a
sufficiently low amplification factor, any small variation of
stiffness and damping due to operating parameters (lube oil
temperature, journal bearing clearance...) or to inaccuracy in
the input data used for calculations has a negligible effect on
the peak amplitude. For example, reducing £'by 0.01 at AF=2.5
would increase the peak amplitude by 5%, while applying the
same variation at AF=5 and 10 would increase it by 11% and
25% respectively.

14
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Figure 18. Amplification Factor as a function of damping ratio

¢

The API617 criterion of requiring a minimum separation
margin between the operating speed range and the critical
speeds with AF > 2.5 is therefore ultimately related to the
vibration amplitude; this is also clear from subsequent point
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2.6.2.13 ("...acceptable amplitudes shall be mutually agreed
upon by the purchaser and the vendor...").

Operating on or near to a critical speed may be completely
acceptable or unacceptable, depending on rotordynamic
considerations. Defining a threshold value for AF is a
reasonable but partial approach, since it differentiates critical
speed peaks basing on their shape but fails to take into
consideration their amplitude. Since one main effect of the
honeycomb seal is to strongly reduce the peak amplitude at seal
locations, the acceptance criterion could be tuned to include
also this aspect.

The current AP1617 acceptance criterion for response to
unbalance is taken as reference, i.e.:

e aminimum separation margin between critical speed peaks
and compressor operating speed range is required, unless
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the amplification factor of the peak is lower than 2.5.

¢ in the whole range between zero and trip speed, when the
vibration amplitude at probe location reaches the limit value
Amax, the amplitude at any seal location shall remain lower
than 75% of the allowable clearance.

The idea is that, if lower vibration amplitude can be
ensured, it is possible to extend above 2.5 the amplification
factor limit for Separation Margin requirement. A quantitative
criterion can be derived by applying the same relation of
inverse proportionality between AF and {reported in Equation
(2). Therefore, for the responses to unbalances calculated in
case A and B, the following acceptance criteria on AF and SM
are proposed:

o for a critical speed peak with AF = k<2.5, standard AP1617
criteria are applicable. No SM from operating range is
required; in the range between zero and trip speed, when the
vibration amplitude at probe location reaches the limit value
Amax, the amplitude at any seal location shall remain lower
than 75% of the allowable clearance.

o for a critical speed peak with AF = k>2.5, no SM is required
if in the whole range between zero and trip speed, when the
vibration amplitude at probe location reaches the limit value
Amax, the amplitude at any seal location remains lower than
(2.5/k)*75% of the allowable clearance (See Figure 19).

This means that, for example, in order to accept AF=3.5in
the operating speed range, the rotordynamic calculation should
assess that vibration amplitude at any seal location is lower
than 53% of the respective clearance.

In addition a check versus unbalance sensitivity can be
introduced, in order to evaluate the vibration amplitude in
absolute terms rather than in comparison with acceptance limit
Anax- The rotor shall be unbalanced to excite 1st mode as per
AP1617 2.6.2.7, and the calculated vibration amplitude at seal
locations shall be still lower than (2.5/k)*75% of the allowable
clearance.

If the calculated rotor response fails to meet either of these
two criteria, then a Separation Margin between the critical
speed peak and the operating range is still required, as per
standard AP1617 criteria. The case of abradable seals, shall be
treated on a case-by-case basis according to para 2.6.2.12 of
API1617.

Figure 19. Limit value for Amplification Factor as a function of
damping ratio £ Points below the curve are acceptable
regardless of the Separation Margin value. For points above
the curve, the minimum required Separation Margin shall be
calculated according to standard API617 criteria. The plot is
limited to AF=5 since cases with larger values in AF of high
pressure compressors in loaded conditions are very unlikely to
occeur.

CONCLUSIONS

The rotor response to unbalance for a centrifugal
compressor equipped with honeycomb seal was calculated
according to AP1617 prescriptions, and then recalculated

including the aerodynamic coefficients (stiffness and damping)
associated to the honeycomb seal. A comparison between the
two sets of results show that the presence of the honeycomb
causes 1) an upward frequency shift of the critical speed peak,
2) possibly a reduction of its amplification factor and 3) a
reduction of the peak amplitude at most of the rotor stations,
particularly in proximity of rotor midspan. These effects,
experimentally observed, are more relevant for high pressure
compressors and for honeycomb seals located close to rotor
midspan.

The current calculation procedure and acceptance criteria
for rotor response to unbalance are not optimized to assess the
design of a high pressure compressor in presence of honeycomb
seal. A calculation procedure able to include the effect of the
honeycomb is presented, together with a proposed extension to
the standard requirements for amplification factor and
separation margin of critical speed peaks; the primary scope is
to ensure a safe rotordynamic behavior under all operating
conditions, while avoiding the application of unnecessary or
biased constraints that may prevent the optimization of
compressor design.

NOMENCLATURE

AF Amplification Factor

CSn  n" Critical Speed

DE Drive End (side)

FPU Full Pressure Unbalance
MCS  Maximum Continuous Speed
NDE  Non-Drive End (side)

SM Separation Factor

SOP  Settling Out Pressure

A Vibration amplitude [um]

f Frequency [cpm]

Fo Modulus of periodic exciting force [N]

C Direct Damping [N s/m]

c Cross coupling Damping [N s/m]

K Direct Stiffness [N/m]

k Cross Coupling Stiffness or generic stiffness [N/m]

N Maximum continuous speed [rpm] or generic speed
[rpm]

p Bearing static load [N]

U Unbalance [g mm)]

W Rotor weight [kg]

X Displacement [m]

Cs Damping coefficient [Ns/m]

m Mass [kg]

o Logarithmic decrement

h n™ natural frequency of the system [rad/s]

¢ Damping ratio

Subscripts

FL Full load condition

NL No load condition
HC Honeycomb

i Iteration index

X horizontal axis

y vertical axis
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