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Populärvetenskaplig sammanfattning
Vi står idag inför ett stort problem med en världsomspännande globala uppvärmningen av
jordens medel temperatur. Även om vi saknar en fullständig förståelse för klimatsystemet, så
är majoriteten av klimatforskarna idag eniga om att den accelererande klimatförändringen hu-
vudsakligen beror på mänskliga aktiviteter. Växthuseffekten är dock i grunden är ett naturligt
fenomen, som höjer temperaturen på jorden till den behagliga temperaturnivå som vi är vana
vid. Faktum är att utan den ”naturliga” växthuseffekten så skulle medeltemperaturen vara ca
-19 ◦C, i stället för de jordens nuvarande medeltemperatur på +14 ◦C. Den globala medel-
temperaturen på jorden har varit relativt stabil sen senaste istiden för ca 10,000 år sen, men
vad som nu sker är att växthuseffektens energibalans förskjuts. Detta resulterar i att medeltem-
peraturen öka, och det är denna pågående temperaturökning som man kallar för den globala
uppvärmningen.
Följderna av en ökad global medeltemperatur kommer visa sig lite olika beroende på var

på jorden man tittar, men generellt så kommer klimatet att bli allt mer extremt. Detta kan
t.ex. yttra sig genom att öken och torka sprider ut sig över redan torra områden, stormar,
översvämningar och orkaner blir mer frekvent förekomande samt att glaciärerna smälter och
havsnivån höjs. På andra platser, så som i norden, kan vi förvänta oss varmare, snöfattigare
och fuktigare vintrar, samt att vår, sommar och höstvädret blir kallare, blåsigare och blötare.
Den största bidragande orsaken till den globala uppvärmningen är utsläpp av växthusgaser i

atmosfären och då primärt i form av koldioxid (CO2). Ett nettoutsläpp av koldioxid bildas när
man förbränner fossila bränslen såsom olja, kol och naturgas. Jordens totala energiförsörjning,
för elektricitet- och värme produktion, transport, industri processer, etc., täcktes år 2013 till
82% genom förbränning av fossila bränslen, och spås fortsätta att göra så i ytterligare minst 20
år. Elektricitet- och värme produktionen är den enskilt största sektorn utav koldioxidutsläpp
från fossila bränslen, och stod för ca 42% av de totala CO2 utsläppen år 2011. Samtidigt lever
ca 1.3 miljarder människor utan elektricitet idag, och produktionen av elektricitet spås därför
att öka med 70% fram till år 2035. Allt detta kommer leda till en ohållbar utveckling om vi
inte agerar nu. Vid det globala klimatmötet (COP 21) i Paris december 2015 enades man om
att den globala uppvärmningen inte får överstiga + 2.0 ◦C, samt om att sträva efter att hålla
tempertur ökningen under + 1.5 ◦C.
Att begränsa den globala uppvärmningen till denna nivå kommer kräva omfattande in-

sattser inom många olika områden, men troligen kommer dels de ekonomiska kostnaderna
och inte minst lidandet bli betydligt större om vi inte agerar i tid. Det kommer krävas effekti-
vare energianvändning, mer förnybar energi produktion (t.ex. sol, vind och vatten) samt inte
minst att vi undviker koldioxidutsläpp från våra fossileldade kraftverk för att begränsa den
globala uppvärmningen.
Det är just denna sista punkt, om hur man undviker koldioxidutsläpp från fossileldade

kraftverk vid elektricitet- och värme produktion som studerats i denna vetenskapliga avhan-
dling. Denna teknologi brukar kallas ”carbon capture and sequestration” och förkortas CCS,
vilket står för koldioxidavskiljning och omhändertagande. Det finns några olika CCS teknolo-
gier för hur man kan åstadkomma koldioxidavskiljning i ett kraftverk. Denmetod som under-
sökts specifikt i denna doktorsavhandling är en metod som kallas ”oxy-fuel combined cycle”
och förkortas OCC. Det specifika med denna teknologi är att man utför förbränningen med
ren syrgas (O2) i stället för med luft, vilket görs konventionellt. Då luft till största del (75
vikt-%) består av kväve (N2) så får man, vid förbränning i luft, en stor rökgasvolym med en
låg koncentration av koldioxid. Den låga koldioxidkoncentrationen gör det energikrävande
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att rena rökgasen från koldioxid efteråt. När man istället utför förbränningen med ren syrgas
så bildas en förbrännings produkt av enbart vattenånga (H2O) och koldioxid (CO2). Denna
rökgas är mycket lättare att rena från koldioxid, vilket kan ske genom att man kyler ner rök-
gasen så att vattenångan övergår till sin flytande vattenfas (kondenserar) medan koldioxiden
förblir i sin gasfas. Vattnet kan då avskiljas, och kvar har man ren koldioxid. Koldioxiden
komprimeras sen tills ett tryck där även koldioxiden övergår i sin flytande fas, vilket sker vid
tryck över 74 bar (atmosfärstryck). Därefter kan koldioxiden lagras djupt nere i marken, i
antingen geologiska bergrum eller uttömda oljefält.
En vanligt förekommande typ av konventionella kraftverk är så kallade naturgaseldade

kombi-kraftverk, vilka har en gasturbin som sin huvudsakliga energigenererande enhet.
I kraftverk som bygger på oxy-fuel teknologin används förbränningsgasen av koldioxid och

vattenånga som arbetsmedium i gasturbinen, i stället för luft så som i konventionella kombi-
kraftverk. Denna gas består av ca 85 -vikt.%CO2, 10 -vikt.%H2O och ett få procentenheter
N2 och Ar. Användandet av denna CO2-rika gas som arbets medium ställer helt nya krav
på designen av kraftverket i stort och specifikt på gasturbinens design. Dessa frågeställningar
om hur man designar ett kraftverk och den ingående gasturbinen för drift med ren syrgas eld-
ning har undersökts i denna avhandling. Avhandlingen presenterar en design som täcker dels
den övergripande termodynamiska processdesignen av kraftverket, så väl som en detaljerad
aerodynamisk design av gasturbinen med avseende på dess kompressor och två turbiner.
Det är författarens uppfattning att detmed “oxy-fuel combined cycle” teknologin är tekniskt

möjligt att producera elektricitet och värme utan något koldioxidutsläpp, om bara de politiskta
incitamenten skapas.
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Abstract
The world is today facing a serious problem with global warming, which is heading towards
an appallingly high temperature level. The greater part of the overall climate science commu-
nity agree that global warming is caused by the greenhouse effect, which depends largely on
emitted CO2 emissions from the combustion of fossil fuel. The agreement at the COP 21
climate meeting in Paris (December 2015) was that global warming must be limited to no
more than + 2.0 ◦C, with the aim of keeping it below + 1.5 ◦C. Accomplishing this requires
a concerted effort in several different areas, for example through increased energy efficiency,
more renewable energy sources and the utilization of carbon capture and sequestration (CCS)
technology.
The oxy-fuel combined cycle (OCC), which is the topic of this thesis, is a subcategory of

oxy-fuel combustion which, in turn is one of the three main technologies for CCS today. The
key idea with oxy-fuel combustion is to avoid mixing the CO2 formed in the combustion with
the non-condensable nitrogen, as occurs at the combustion in a conventional combined cycle
power plant (CCPP). This is achieved by combusting the gas fuel with pure oxygen (O2) and
thereby forming a combustion product consisting of only steam (H2O) and carbon dioxide
(CO2). The CO2 can then be separated downstream of the HRSG by condensing out the
H2O and thereby leaving a pure stream of CO2 for sequestration.
The OCC consists of a topping Brayton cycle and a bottoming Rankine cycle and has

many similarities with a conventional CCPP. In the OCC, however, the flue gas leaving the
HRSG is recirculated back to the gas turbine units compressor inlet, instead of being emitted
to the atmosphere as in a CCPP. Thereby, the combustion products also act as the working
medium in the topping (gas turbine) cycle. The working medium has a composition of about
85wt.-% CO2, 10 wt.-% H2O and a few percentage points of enriched nitrogen and argon,
which follows with the oxygen stream as impurities.
The CO2-rich working medium has significantly different gas properties, compared to air

and conventional flue gas. This affect the design of the topping cycle, the exhaust heat uti-
lization in the HRSG, the design requirements for the gas turbine unit and the aerodynamic
design of its compressor and turbines. One of the major effects on the design, is the require-
ment for a higher gas turbine pressure ratio than for a conventional CCPP, as a result of the
lower isentropic exponent (γ) for the CO2-rich working medium.
This thesis takes the OCC concept to the next technical readiness level not just by identi-

fying, optimizing and proposing a cycle design for a 115MWel OCC. It also addresses the
conceptual design of a gas turbine unit suitable for an OCC and a quite detailed conceptual
aerodynamic design for the gas turbines unit’s turbomachineries, i.e. one compressor and two
turbines. The work investigated the performance levels to be expected from both the entire
OCC, the embedded gas turbine unit and its turbomachineries. The proposed gas turbine
unit was a single-shaft gas generator with a free direct-driven power turbine. The concep-
tual turbomachinery design of the compressor, the compressor turbine and the power turbine
covered the conceptual design loop of the 1D mid-span, the 2D through-flow, and the 3D
steady-state calculations. The compressor design was a 16-stage design, with a mass flow of
220 kg/s and a pressure ratio of 31.0. The turbine design was a two-stage compressor turbine
and a four-stage power turbine.
The oxy-fuel combined cycle was calculated to have an overall net efficiency of 48.2%,

which includes the energy cost for the CO2 compression to 140 bar and the external O2
production in an air separation unit (ASU).
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1 Introduction
This chapter introduces the doctoral thesis and give the motivation for the work trough providing an
overview of how the work fits into the broader context. The motive, objective, method, limitations
and the thesis outline are also provided in this chapter.

1.1 Global warming and energy trends
The world is today facing a serious problem with global warming, which is heading towards
an appallingly high temperature level. The greater part of the overall climate science commu-
nity agree that global warming is caused by a reinforced greenhouse effect, which the United
Nations Climate Change Conference (UNCCC) environmental agreement at the Conference
of the Parties twenty-first session (COP 21) in Paris demonstrated [3]. The greenhouse effect
is a prerequisite phenomena for the life we are accustomed to on Earth today, as its effect
traditionally increases the average temperature on Earth by approximately 33 ◦C, to a mean
temperature level of 14 ◦C [1].
The current issue is that the greenhouse effect’s energy balance has been amplified, because

of an increased concentration of greenhouse gases (GHGs) in the atmosphere. The effect of
greenhouse gases is that they absorb the infrared radiation radiating out from Earth and re-
emit it back towards Earth, instead of allowing the heat to pass out from the atmosphere.
Carbon dioxide (CO2) is the main greenhouse gas and what has occurred, and continue to do
so, is that the CO2 concentration in the atmosphere has increased significantly from a fairly
stable level of 280 ppm in the mid-nineteenth century to the current levels of above 400 ppm
in December 2015 [32].
The main reason for the rising CO2 level is the ever-growing demand for energy, which

has increased continuously since the mid-nineteenth century and is anticipated to continue
to do so for the foreseeable future. This energy demand has historically mainly been met by
combustion of fossil fuels, which today covers over 80% of the total energy demand [12].
The forecast is that fossil fuels will continue to be the main energy source for at least the next
20 years. Fossil fuel combustion comprised 82% of the worlds energy consumption in 2013
[5], which led to major CO2 emissions. The CO2 emissions emitted from fossil fuel com-
bustion increased from nearly zero before the middle of the nineteenth century to a level of
over 30GtCO2 yr−1 in 2012 [47], with a significant increase after World War II (Figure 1.1)
[14]. CO2 emissions comprises today about 90% of the total CO2 equivalent GHG emis-
sions, while methane (CH4) comprises about 10% and nitrous oxide (N2O) a small fraction
[13]. The single sector responsible for by far the largest CO2 emissions is electricity and heat
production, which emitted 42% of the total CO2 emission in 2011 [14]. Approximately 1.3
billion people are today living without electricity and “TheWorld Energy Outlook 2013” [12]
forecasts that the electricity demand will increase by 70% by 2035 and that the annual global
GHG emissions will increase to about 37GtCO2 yr−1 by 2035. At the UNCCC COP21
meeting in Paris 2015 [3], 195 nations agreed through the Paris Agreement that global warm-

1
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ing must be limited to no more than plus 2.0◦C compared to the pre-industrialization level
and they also agreed on the goal of limiting the global warming to plus 1.5◦C.
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Figure 1.1: Trends of emitted CO2 emissions from fossil fuel combustion, based on data from
Boden et.al. [14]. (Gas flaring and cement production are included in the total)

Power generation represents a significant proportion of the increase in emitted CO2 emis-
sions since 1990. The increase comes mainly from non-OECD countries, whose emissions
rate increased markedly in the early millennium and their total CO2 emissions increased from
10GtCO2 yr−1 in 1990 to above 22GtCO2 yr−1 in 2014. TheOECD countries show amore
stable, but occasionally higher level per capita (of about 11.5 tCO2 per capita vs. non-OECD
of about 2.5 tCO2 per capita in 2004 [20]), and the OECD countries increased their CO2
emissions from 12GtCO2 yr−1 in 1990 to about 13GtCO2 yr−1 in 2014 (Figure 1.2) [13].
Against this background, it is obvious that there is an urgent need for concerted efforts

in several areas in order to achieve the goal of controlling and limiting global warming to a
sustainable level.
No single sector or technology alone will be able to solve the issue of global warming.

Instead, concerted efforts within several different areas are required, for example by increased
energy efficiency, more renewable energy sources and the utilization of carbon capture and
sequestration (CCS) technologies. One method suggested to enforce a reduction of GHG
emissions is to change over substitutes from fossil fuel towards renewable energy sources and
introduce emission trading schemes (ETS) that sets a price on CO2 emissions. Emission
trading schemes are in use in several countries around the world and are tested and evaluated
further in a number of locations today, but a problem with ETS has been achieving global
agreements and keeping the price at a sufficiently high level to get the market to adapt [47].
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Figure 1.2: Energy-related CO2 emissions by region (OECD and non-OECD countries),
based on data from [20].

1.2 Carbon capture and sequestration
Carbon capture and sequestration (CCS) technology is a generic term that comprises tech-
nologies where the CO2, formed through oxidation (combustion) of a carbon-containing
(fossil) fuel at some stage in the process gets captured for sequestration. CCS technology can
be applied to both fossil-fired power plants and suitable industry processes, such as cement
production and steel production [53]. Depending on the method used for CO2 capture, is
the CCS technology divided into three main groups: pre-combustion, post-combustion and
oxy-fuel combustion. There are also some additional CCS technologies which shows potential
and might enter the CCS market in the future, for example CCS through chemical looping
[62]. Common to all of these CCS technologies is the fact that CO2 capture and sequestra-
tion comes with an increase in both the investment cost and the energy consumption, which
thereby reduces the efficiency and the power density and increases the CAPEX (capital expen-
ditures) of the facility. The different CCS technologies all have their different pros and cons
in terms of the efficiency penalty, operability, capture rate, maturing level and adaptability for
commercial operation. Next the three main CCS technologies are described briefly.

1.2.1 Pre-combustion capture

Pre-combustion refers to the technology where CO2 is removed from the fuel prior to the
combustion. This is achieved through treating the (fossil) fuel in order to avoid the CO2
formed by oxidation to be mixed with the main working medium in the power plant. De-
pending on the fuel type (gas, liquid or solid) and its properties (composition and impurities),
the fuel treatment process is performed with different methods. The Integrated Gasification
Combined Cycle (IGCC) process is one type of pre-combustion technology that is applicable
to thermal power plants.
A common pre-combustion method is to first partially oxidise (gasify) the fuel together
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with pure oxygen to form a synthetic gas that consists mainly of H2, CO, CO2 and some
traces of hydrocarbons [71, 46]. The carbon monoxide in the synthetic gas is then further
oxidized with steam, which results in a final gas composition of CO2 and H2, from which
the CO2 is separated. The H2 can then either be combusted as a conventional fuel or used in
fuel cells.
A strength with the pre-combustion technology is that it is only the minor fuel stream that

has to be processed, which enhances the process and size of the additional equipment. Two
downsides are that pure oxygen has to be provided as the oxidizer from an air separation unit
(ASU) and that combusting pure hydrogen fuel with conventional combustor technology is
complicated. Therefore it may be necessary to blend the hydrogen with other fossil gas fuels
to facilitate the combustion.
The net efficiency for a combined cycle power plant (CCPP) with pre-capture is typically

about 45-47% [49, 17].
Today, there are some ten major pre-combustion projects planned or under construction

worldwide to be put into operation between 2016 and 2022 [6]. The project planned to be
commissioned first is the Kemper County Energy Facility in Mississippi USA, which is an
IGCC planned to come into operation during 2016 in which lignite (brown coal) is to be
used as the fuel [6].

1.2.2 Post-combustion capture

For thermal power plants, where the combustion occur through conventional combustion
with air as the oxidizer, the post-combustion technology can be used to capture the CO2
emissions from the flue gas. The separation of the CO2 is done after (post) the combustion
has occurred, i.e. the opposite to pre-combustion. As the combustion occurs with air, which
has a large fraction of inert gases, mainly of N2 (78 vol.-%) and some Ar, the CO2 concen-
tration in the flue gas is low, and hence also the partial CO2 pressure. A low partial CO2
pressure has a negative effect on the CO2 capture rate, the required size of the CO2 scrub-
ber, and makes the capturing process more energy demanding. The CO2 concentration is in
turn dependent on the carbon/hydrogen (C/H) ratio in the fuel and the configuration of the
power plant, e.g. if utilizing exhaust gas recirculation (EGR). A conventional CCPP without
EGR typically has a CO2 concentration in the flue gas in the range of 3 -vol.% for a natural
gas-fired gas turbine [16, 53] to about 7 -vol.% for a liquid fuel-fired gas turbines [53]. The
difference is because liquid fuel has a higher C/H ratio than natural gas, which mainly consists
of methane (CH4). Through using EGR can the CO2 concentration be increased substan-
tially, which enhances the CO2 capturing process. The limiting factor for how much EGR
that can be used is virtually set by the lowest acceptable O2 concentration in the combustor,
for achieving a complete and stable combustion (low CO emissions). This lower limit of the
O2 concentration is somewhat machine specific (i.e. depending on the combustion design
and temperature), but as an indicative figure can an upper EGR limit of 60-70% be used,
corresponding to a CO2 concentration of about 10-12 -vol.% [15]. A more realistic EGR
ratio is about 40%, which (depending on combustion temperature) correspond to a O2 con-
centration into the combustor of about 16 vol-%, and result in a CO2 concentration of about
6 -vol.% [15, 34]. The theoretical upper limit for the CO2 concentration, in a pure steam
power plant that operates with a close to stoichiometric combustion, is about 20-21 -vol.% (
21 -vol.% O2 in atmospheric air). The capturing process is commonly performed on the flue
gas after it has passed through the heat recovery steam generator (HRSG) in either a CCPP
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or in a steam power plant, where the pressure of the flue gas is just above atmospheric. An
alternative approach is to carry out the capture at an intermediate state of the expansion in
the gas turbine, to benefit from an increased partial CO2 pressure [19]. The CO2 capture rate
is primarily a trade-off against the cost, as the physical size and energy consumption increases
for a higher capture rate, but the CO2 capture rate is commonly in the range between 80
and 95%, and typically about 90% [62]. The net efficiency for a CCPP with post-capture is
typically about 48-50% [49, 17].
There are several demonstration and pilot plants either in operation or planned around

the world to demonstrate the technology and prepare it for the commercialized market. For
example, Boundary Dam is a 115MW base load power plant in Canada that utilizes post-
capture and has been in operation since autumn 2014. It has a CO2 capture rate of upto 90%
and the captured CO2 is transported by pipeline and utilized for EOR [68, 63]. There are
some five other post-combustion capture projects currently under development and planned
to be in operation before 2020 [6], of which the Petra Nova Carbon Capture Project is next
and will come into operation during 2016 [55].

1.2.3 Oxy-fuel combustion capture

Oxy-fuel combustion capture technology comprises technologies where the combustion (ox-
idization) occurs in the presence of virtually pure oxygen (O2), instead of in the presence of
air as conventional. The basic theory with this technology is that by performing the com-
bustion of the fuel with virtually pure oxygen, form a combustion products that consist of
solely steam (H2O) and carbon dioxide (CO2), from which the H2O can then be separated
by condensation.
Oxy-fuel combustion technology is applicable to power plants consisting of either a sim-

ple cycle gas turbine, a steam power plant or a combined cycles power plant. Depending on
the configuration of the power plan, the technology can be used with either an internal or
an external combustion, using either a gas-, liquid- or solid fuel. By removing practically all
the inert nitrogen (N2) from the oxidizer stream the combustion would reach an adiabatic
flame temperature of above 5,000 ◦C [57], which is far higher than the acceptable tempera-
ture. The oxygen and fuel streams are, thus, diluted prior to the combustion to reduce the
temperature and to cool the combustor. The dilution can be performed with externally pro-
vided water/steam or, preferably, through recirculation of the working medium. Common to
the oxy-fuel cycle concepts are, therefore, that they are semi-closed by partial recirculation of
the working medium (i.e. the combustion products).
As previously mentioned, the working medium in the cycle mainly consists of CO2 and

H2O.The ratio between the two varies depending on the cycle configuration and ranges from
essentially consisting of H2O as in the Graz cycle [62], to the other end of the spectrum
where it mainly consists of CO2 as in a semi-closed oxy-fuel combustion combined-cycle
(SC-OCCC) [60]. The focus for this thesis and the coming chapters is on the later cycle,
namely, the SC-OCCC, which for simplicity hereafter is referred to as an oxy-fuel combined
cycle (OCC).
The theoretical capture rate for the oxy-fuel combustion is virtually 100% [49], with only

potential minor leakage flows to reduce this. A drawback with this technology is the need
for virtually pure oxygen from an ASU, which is an energy-intensive process, a considerable
investment and has a large footprint. The net plant efficiency for an OCC is expected to
be in the range of 45-50% [62, 15, 81, 17, 49, 59], although there have been publications
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indicating efficiencies as low as 36.7 [75] and 41.2% [16] and as high net efficiencies as 51.3%
[8] and 53.9% [70].
The net plant efficiency reduction for an OCC is expected to be about 8-13 percentage

points, compared to a conventional CCPP without CO2 capture [62, 15, 8, 16, 17, 49, 59].
The range depends on the cycle configuration, the pressure of the delivered CO2 stream and
the ASUs energy cost. The figures just shown for the reduction of the net power plant efficiency
is relative to a comparable reference CCPP. However, the efficiency penalty from the ASU and
the CO2 compression is actually about 2-3 percentage points higher. The explanation of this
is that the cycle efficiency for the OCC without CO2 compression and “free” O2 actually is
increased by another 2-3 percentage points, relative to a comparable reference CCPP [8, 17].
The efficiency reduction from the oxygen production in the ASU and the CO2 compression

to 140 bar for the oxy-fuel combined cycle was in this work calculated to be 12.2 percent-
age point (i.e. relative the OCC without CO2 compression and “free” O2), as presented in
publication VI [24].
Today there are two large oxy-fuel combustion projects planned: the White Rose CCS

Project in the UK [80] and the Shanxi International Energy Group CCUS Project in China,
which are both scheduled to be in operation in 2020 [6]. They are both super-critical steam
power plants and are to use oxy-fuel combustion of coal. Unfortunately, currently there is no
oxy-fuel combined cycle planned or under construction that the present author is aware of.

1.2.4 Transport, utilization and storage

The last part in the CCS chain is the sequestration, which results in a need for appropriate
transport and storage or utilization of the captured CO2. It would be ideal if the entrapment
and the storage or utilization were located geographically close to each other. That might
be achievable on some occasions, but for most cases some transportation will be required.
The two most conceivable alternative for the transport of CO2 are through a pipeline or
by ship. Which transport method is preferable depends, for example on the distance, the
geological structure, the current infrastructure, the amount of CO2 to be transported and the
time horizon of the production. Utilizing pipelines for the transport of a CO2 stream is already
common today in applications for enhanced oil recovery (EOR). For EOR is today about
50 MtCO2 yr−1 from mainly natural CO2 sources transported through a 2,500 km pipeline
network in the USA [62], of which several have been in operation for decades. CO2 transport
can also utilize a similar technology as used for the transport of LNG (liquefied natural gas)
in an LNG carrier. For slightly longer transport distances the alternative of shipping the CO2
tends to be more cost-effective than pipelines. The crossover depends on the site-specific
conditions, but there are indications that the crossover is in the order of 1,000 km [62].
Trapped CO2 occurs naturally in geological underground reservoirs, e.g. in the Colorado

Plateau region and the Southern Rocky Mountains region [7], and is not a new and unique
phenomenon. These CO2 reservoirs are of a similar structure to the oil- and gas fields that are
being explored and extracted today: consequently their structure is relatively well understood.
In these geological formations the CO2 is trapped in pores with a surrounding structure that
seals it off. The knowledge that these formations have been around for hundreds of millions
of years provides a certain confidence regarding its function and its stability and provides an
opportunity to study the long-term process and aspects of how CO2 binds to other elements.
The use of CO2 for EOR has been in operation since the mid-seventies and provides knowl-
edge of the injection process.
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Depending on the type of CO2 storage or utilization, different qualities of the delivered
CO2 stream are required, for example its pressure, temperature, water content and to reduce
the corrosiveness also impurities such as H2S, O2 and CO. The critical point for CO2 is
73.7bar and 31.1 ◦C [50] and, therefore CO2 reaches its supercritical state (phase) when
exposed to the pressure and temperature commonly present at over 800m depth [53]. The
trapping mechanisms for the CO2 are through being sealed off by solid rock formations and
through either being miscible with water and oil or through reacting with minerals and form-
ing a carbonate structure [53].
CCS and EOR are two contradictory activities, but they could actually benefit from each

other as they share a common interest. The former, (CCS), has a need to dispose and store
CO2 while the latter, (EOR), has an economic interest in utilizing CO2 for an increased oil
production. A conceivable path forward would, therefore, be if these two could act together
to develop, demonstrate and mature the CCS technology. The need of CO2 for EOR is
nevertheless of the same magnitude as what is needed for CCS, if CCS is to be scaled up to
its full required extent for reaching the environmental goal of a maximum temperature rise of
no more than plus 2.0 ◦C [3]. The only long-term alternatives for storage, that are apparent
today, are either to use depleted oil- and gas fields or deep saline formations. The oil- and gas
fields are estimated to have a total storage capacity in the order of 675-900GtCO2 and are an
attractive option as many of these fields have the infrastructure in place and are well explored.
Geological formations for CO2 storage are estimated to have a storage capacity in the order
of 1,000 to 10,000GtCO2 [62] compared to the annual emissions of above 30GtCO2 yr−1

in 2011 [47].
The capacity to utilize or store CO2 is demonstrated through several projects around the

world today. For example, at Weyburn in Canada CO2 is used commercially for EOR [79],
and at In Salah in Algeria CO2 was injected into geological sandstone between 2004 and
2011, which is now monitored [52]. Storage is also ongoing in a saline formation at Snöhvit,
Norway [67] and in an aquifer at Sleipner, Norway [66, 72].

1.3 Motive for the doctoral thesis
In the previous sections (section 1.1 and 1.2) was it clarified that there is an urgent need for
major reductions of CO2 emissions, in which the CCS technology might have a key role to
play. The International Energy Agency stated that CCS technology is vital for reducing the
CO2 emissions from the energy sector and industry, and in the “450 Scenario” they state that
there is a requirement for a capture rate of 5.1GtCO2 yr−1 in 2040 [13].
When comparing different fossil-fired thermal power plants, CCPPs have the advantage of

a superior total net efficiency compared to other thermal power plants, such as simple cycle gas
turbine or steam power plants, and the net efficiency for conventional CCPPs is today reaching
above 60% [4]. The potential for a high total efficiency was the motive for studying oxy-fuel
combustion technology in a combined cycle application, instead of an oxy-fuel combusted
steam power plant. The different CCS technologies (pre-combustion, post-combustion and
oxy-fuel combustion) all show the potential for a similar net plant efficiency in the range of
45-50%, when applied to a natural gas-fired CCPP, [53, 17, 49].
The motive for choosing the oxy-fuel combustion instead of any of the other CCS tech-

nologies was that the oxy-fuel combustion technology has the potential for a CO2 capture
rate of virtually 97-100% without the risk of emitting other harmful pollutions, while the
other CCS technologies’ capture rate is about 85-90% at comparable power plant efficiencies
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[53, 49]. With current technology the OCC is expected to obtain a total net plant efficiency
that is certainly comparable with the other suggested CCS technologies [49, 17]. The OCC
also has the potential for a substantial efficiency improvement, if any of the more novel and
less energy-demanding ASU technologies become commercial [73, 53].
Previous investigations of OCC concepts have mainly been carried out through process

simulations, where the focus has been on the overall cycle design. Such process simulations
have a low technology detail level, where the turbomachinery (i.e. compressors and turbines)
are represented by modules. These modules are basic and rely on predetermined performance
figures, which (in general) are user specified and based on the assumption that these turbo-
machineries can be designed with performance levels comparable to conventional gas turbine
engines. It was, for example, stated that the OCC concept seems to be an attractive CCS
alternative because of its simplicity, but that the gas turbine technology for this concept does
not exist today [17]. There is, therefore, a need to take the OCC concepts to the next techni-
cal readiness level, by carrying out quite detailed conceptual aerodynamic designs of the gas
turbine unit’s turbomachinery and investigate which performance levels are to be expected.
The OCC design also needs to be revised to find out whether any design trade-offs can be
made with either the cycle design, the design of the gas turbine unit or the individual turbo-
machineries, to facilitate the design of the total OCC.
To bring the technology forward it is also important to clarify whether conventional aero-

dynamic design methods can still be used or if any major modifications to the design process
are required.

1.4 Objective
Themain objective of this doctoral thesis was to extend the thermodynamic and aerodynamic
research of the oxy-fuel combined cycle, to bring it to the next technical readiness level. The
objective can be divided into three dependent subsets of different detail levels, namely design-
ing and modelling the OCC’s thermodynamic cycle design, performing a conceptual design
of an oxy-fuel-fired gas turbine unit, and carry out the conceptual aerodynamic designs of the
compressor and turbines for the gas turbine unit.
The objective of the thermodynamic cycle design was to identify, optimize and propose an

oxy-fuel combined cycle, which would also serve to specify the design requirements for the gas
turbine unit and provide the boundary conditions for its design. (The term “optimize” refers
herein to finding a sound balance between performance, technical challenge and complexity,
in order to propose a OCC design that is feasible in the near future, with mainly conventional
state-of-the-art technology.)
The objective of the conceptual design of an oxy-fuel-fired gas turbine unit was to address

questions such as: what the preferred shaft configuration and shaft speeds are, and to find a
broad layout for the gas turbine unit.
Finally, the conceptual aerodynamic design of the compressor and the turbines for the gas

turbine unit was to be performed up to the detail level of a steady-state 3D design. This
was to investigate whether the aerodynamic design could be carried out, the influence the
CO2-rich working medium and different performance requirements had on the design and
what performance figures could be expected. The aerodynamic designs were also supposed to
address the question of whether conventional aerodynamic design methods could still be used
in the concept phase, or not.
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It is the author’s belief that, through performing these conceptual design steps, major po-
tential hurdles can be identified and solved before beginning the more extensive final design.

1.5 Method
The doctoral work followed a logical top-down sequence, by beginning from an overall con-
ceptual thermodynamic cycle design at a low detail level and then proceeding with the design
down to detailed aerodynamic 3D designs of the gas turbine unit’s compressor and turbines.
The work process was divided into several work packages, each of which is summarized in one
of the present author’s publications (publication I-VI) [61, 25, 69, 26, 23, 24].
Initially, a knowledge base for the proceeding work was established through reviewing pub-

lished works and participating as a co-author in the first publication, see publication I [61].
In the next phase, the thermodynamic cycle design of the OCCwas modelled in the process

simulation tool Krawal Modular. Krawal Modular is a Siemens in-house program, but the
choice of software is not crucial for the outcome and several other software of similar capacities
could have been used. This general interchangeability of software programs is also true for the
other in-house programs used in this work, i.e. they could all have been replaced by equivalent
commercial software programs, with the same expected outcome.
Although the process simulation only takes into account the heat and mass balance, the

model was made fairly detailed by subdividing crucial gas turbine components into smaller
components. For example, each turbine stage was represented individually by a separate tur-
bine module, with its oven turbine cooling and disc sealing flow calculation. This process sim-
ulation model of the OCC was used to investigate the influence of various cycle parameters,
in order to obtain an optimum cycle design for the OCC, see publications II and III [25, 69].
With this optimization study, the OCC’s cycle design was considered essentially completed.
This cycle design formed, thereafter, the foundation for the proceeding investigations of the
gas turbine unit’s design and eventually also the foundation for the turbomachinery design of
the compressor and the turbines.
The next phase was to carry out a conceptual design of the gas turbine unit to, for example

decide the preferred shaft configuration, its shaft speed and to obtain a preliminary geometrical
gas path shape. Different shaft configurations were examined and initially was a twin-spool gas
generator (GG) with a free power turbine (PT) considered appropriate, as used in publications
II and III [25, 69]. The gas turbine concept, that was finally considered to be the preferred
balance between performance, technical challenges and complexity and, therefore, chosen to
proceed with was a single-shaft GG with a free PT, as used in publications V and VI [23, 24].
Before proceeding with the aerodynamic design of the compressor and the two turbines,

the influence of the CO2-rich working medium on the flow physics in a compressor and
turbine was investigated. This was to gain confidence in whether empirical correlation, on
which traditional aerodynamic 1D and 2D design and analysis tools rely could still be used,
or not, see publication IV [26].
Conceptual aerodynamic designs were carried out for both the compressor and the two tur-

bines. The conceptual aerodynamic designs covered the 1D mid-span, the 2D through-flow
and the 3D blade design and, mainly for validation, the steady-state 3D analysis calculations.
The overall performance of the OCC design was finally revised based on the calculated per-
formance figures for the compressor and the turbines, see publication V and VI [23, 24].
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1.6 Limitation
No efforts were made to simulate any transients or part-load behaviours of either the overall
oxy-fuel combined cycle design or for any of the turbomachinery designs of the compressor
or the turbines. Neither were any of the procedures for start-up or shutdown or load control
considered, nor potential operational hazards, such as for example CO2 leakage.
The present author has neither studied the adjacent research areas of combustion system,

materials nor chemical reactions due to the different working medium. To some extent, these
adjacent research areas have instead been investigated in another related overreaching work
package by the collaborative project OxyGT, between Siemens Industrial Turbomachinery
AB, SINTEF Energi AS, Nebb Engineering AS and Lund University. The conclusions from
this collaborative project can be found in the project’s technical report [65] and publication
III [69].
The thermodynamic cycle design was defined in such a manner that neither the external

incoming oxygen stream for combustion nor the outgoing CO2 stream was simulated ther-
modynamically in the process simulation. These streams were instead accounted for by adding
specific energy costs to the cycle performance.
The alternative CCS technologies and the sequestration process of the captured CO2 has

not been investigated to any greater extent than through broad literature studies to provide a
fundamental understanding.

1.7 Thesis outline
The thesis is based around six publications, which are appended at the end of the thesis. The
thesis is divided into seven chapters. Chapter one gives an introduction to the thesis by putting
the work into its broader context. Themotive, objective, method and limitations are also given
in Chapter one. Chapter two describes the oxy-fuel combined cycle and its subcomponents
at a broad overall detail level. Chapter three discusses the influences that the performance
requirements, set by the cycle design of the oxy-fuel combined cycle, have on the gas turbine
unit. Chapter four discusses the aerodynamic design of the compressor. Chapter five discusses
the aerodynamic design of the turbines. The thesis and the six publications are summarized
in Chapter six by the concluding remarks. Chapter seven summarizes the six publications,
appended at the end.



2 The oxy-fuel combined cycle
This chapter describes the oxy-fuel combined cycle in general and provides a description of its dif-
ferent main subcomponents. The aerodynamic design details of the gas turbine unit and its tur-
bomachinery components (compressor and turbines) are not addressed in this chapter as that is the
subject of the subsequent chapters 3, 4 and 5.

The subject was investigated and discussed in the following publications:
Publication I: Conceptual Design of a Mid-sized Semi-closed Oxy-fuel Combustion Combined
Cycle, GT2011-46299 [60]
Publication II: Optimization of an Oxy-fuel Combined Cycle Regarding Performance and Com-
plexity Level, GT2013-94755 [25]
Publication III: Concept for a Combustion System in Oxy-fuel Gas Turbine Combined Cycles,
GT2013-94180 [69]

2.1 The oxy-fuel combined cycle
The OCC has many similarities with a conventional combined cycle power plant (CCPP) as
they both consist of a Brayton topping cycle (a gas turbine) in which the heat input occurs
through combustion. Both cycles also contains a Rankine bottoming cycle (a steam cycle)
that is driven by the waste heat from the topping cycle (gas turbine exhaust heat). A schematic
process diagram of the oxy-fuel combined cycle can be seen in Figure 2.1.
When initially focusing on the similarities between a conventional CCPP and an OCC, the

bottoming steam cycle in both cycles works by the same principle and with virtually identical
operation conditions. That implies that the working medium in the steam cycle is pure H2O
in both and with similar gas states (i.e. pressure and temperature) throughout the bottoming
cycle. For the specific OCC design in this work a steam cycle with two pressure levels was
found to be preferable, with a design gas state of 565 ◦C and 100 bar at the high-pressure
steam turbine inlet. That is a typical standard level for steam cycles of this size today (yr.
2016), as discussed further in section 2.1.5 and publication II [25]. These design parameters
are not invariable for the OCC design and depending on the specific design requirements,
either one-, two- or three pressure levels, other gas states and reheat might be preferred, in
accordance with a conventional CCPP. Because of the similarity between the two bottoming
cycles, traditional steam cycle equipment is to be used, with the reservation that the material in
the HRSG and its heat exchanger, which is exposed to the CO2-rich working medium in the
topping cycle, need to be further investigated to ensure that there are no material restrictions.
The topping cycle in the OCC resembles a traditional topping cycle in a CCPP in the sense

that the OCC includes both a gas turbine unit and an HRSG. However, the topping cycle in
a CCPP is an open cycle design in that the gas turbine compressor breaths in atmospheric air
and that the exhaust flue gas is emitted into the atmosphere after it has been passed through the
HRSG and the exhaust stack. TheOCC, on the other hand, is a recirculated semi-closed cycle

11
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where the majority of the working medium (about 90 -wt.%) is recirculated from the HRSG
exhaust back towards the gas turbine unit’s compressor inlet. The working medium that is
recirculated back from the HRSG is passed through several additional facility components
before it reaches the compressor inlet, which for obvious reasons is not required in a traditional
CCPP facility. That is to accomplish the CO2 separation and to change the state of the
working mediums to obtain desirable gas properties for the gas turbine unit’s compressor
inlet. The major additional facility components required between the HRSG outlet and the
gas turbine unit’s compressor inlet are in order from the HRSG as follows: a condenser, a
scrubber, a bleed-off for the working medium (CO2 and H2O), a working medium preheater
and a compressor inlet filter, as shown in Figure 2.1. The gas turbine combustion also requires
a stream of substantially pure O2 to be supplied in additional to the fuel flow, as the name
oxy-fuel suggest.
A general description of the OCC process is given next, while more detailed descriptions of

its subcomponents are given in the following subsections. The layout of the OCC is shown in
Figure 2.1, with a summary of the gas state in Table 2.1. The numbers in brackets “( )” in the
following section refer to the stream numbers in Figure 2.1 and Table 2.1. Starting at the gas
turbine unit’s compressor inlet (1), the working medium has a temperature of about 64 ◦C, a
pressure slightly above atmospheric (1.015 bar), and a composition of about 85 -wt.% CO2,
9 -wt.% H2O and a few percentage points of enriched Ar and N2. The lowest pressure in
the cycle is at the compressor inlet, which is kept just above the atmospheric pressure to avoid
diluting leakages of atmospheric nitrogen-rich air into the cycle. Instead, it is preferable (from
a performance perspective) if any potential small leakages are going out from the cycle instead
of into it. That is with the reservation of the risk that leaking CO2 might get accumulated on
the ground, as it is heavier than air, and thereby cause a risk of choking. The pressure ratio
(PR) across the gas turbine unit’s compressor, for this specific OCC design, is 31.0, which is
far higher than in a conventional CCPP. Pressure ratios suggested in the published literature
for the OCC’s topping cycle are generally in the range of 30-40 [37, 60, 62, 15, 17, 70, 59],
although there are proposed PRs reaching up to about 60 [75, 81]. The underlying reason for
this high PR is because of the different gas properties of the working medium in the OCC, as
discussed in more detail in Chapter 3.
As there is no natural oxidizer (O2) present in the working medium, the oxidizer has to be

provided externally from an air separation unit (ASU). Both a fuel stream (5) and an oxygen
stream (4) are, therefore, injected into the combustion chamber (3). The combustor outlet
temperature (COT) (6) in CCPPs has traditionally an upper limit that is mainly set by the
temperature limit of the material in the compressor turbine, available cooling technology and
emissions control (NOx and CO), of which the emissions may be somewhat subsidiary in
the OCC because of the semi-closed loop. Compared to a conventional CCPP has the OCC
instead a considerably stronger need for balancing the COT against the gas turbine unit’s PR
and the upper temperature limit in the exhaust gas temperature (EGT) from the gas turbine
into the HRSG. The trade-off between the COT, the gas turbine unit’s PR and the EGT into
the HRSG is discussed further in Chapter 3.
The working medium leaving the power turbine (8) has a temperature of about 610 ◦C and

a pressure slightly above atmospheric (1.08 bar). As the working medium passes through the
HRSG from (8) to (9), it transfers heat energy to the bottoming steam cycle. The working
medium leaving the HRSG has a temperature of about 70 ◦C and is therefore cooled to a de-
sirable recirculating temperature and cleaned of potential acids, deposits, and soot formations
in a combined cooling tower and scrubber (10).
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Figure 2.1: A schematic process diagram over the oxy-fuel combined cycle.

The steam that is condensed in the cooling tower is separated, before the rest of the working
fluid is recirculated back (11) towards the compressor inlet. From the recirculated working
medium (11) a minor stream is bled off (13). The bleed stream (14) is compressed in an
inter-cooled compressor train with stepwise water separation, which finally provides a stream
of nearly pure CO2 for sequestration. The CO2 bleed stream and the water separation in the
cooling tower correspond to about 10 -wt.% of the total mass flow and the aim is to keep
the mass balancing in the topping cycle stable, by balance the injected fuel flow, the oxygen
supply and potential minor leakages.
The majority of the working medium (about 90 -wt.%) is pre-heated a few degrees (12)

before the fluid is filtered and recirculated back to the compressor inlet (1).

Table 2.1: Properties of the streams in the oxy-fuel combined cycle, as shown in Figure 2.1

Stream Name Temp. Pressure Mass flow CO2 H2O N2 Ar O2
[◦C] [bar] [kg/s] [-wt.%] [-wt.%] [-wt.%] [-wt.%] [-wt.%]

1 Compressor inlet 64.7 1.015 219.9 84.56 8.85 2.59 3.89 0.11
2 Combustor inlet 438.6 31.17 168.6 84.56 8.85 2.59 3.89 0.11
4 Oxygen stream 560.7 34.28 20.9 0.00 0.00 2.00 3.00 95.00
5 Fuel stream 15.0 32.65 4.96 (100 -wt.%CH4, LHV 50,013 kJ/kg)
6 HP Turbine inlet 1340.0 30.31 194.4 80.34 13.40 2.46 3.69 0.10
7 PT inlet 932.9 7.29 236.5 81.09 12.59 2.48 3.72 0.10
8 HRSG inlet 612.8 1.080 245.7 81.22 12.45 2.48 3.73 0.10
9 HRSG outlet 69.9 1.058 245.7 81.22 12.45 2.48 3.73 0.10
11 Condenser outlet 60.0 1.058 236.0 84.56 8.85 2.59 3.89 0.11
14 CO2 bleed 60.0 1.058 16.1 84.56 8.85 2.59 3.89 0.11
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2.1.1 Compressor

The purpose of the OCC’s gas turbine unit’s compressor does not differs from the compressor
in a conventional gas turbine unit, in that it should compress the working medium in an effi-
cient and stable manner. The compressor design for the OCC’s gas turbine unit is described in
Chapter 4 and more information regarding the general basic aerodynamic compressor design
was discussed in the present author’s licentiate thesis [22].

2.1.2 Combustion chamber

The fundamental idea with the oxy-fuel combined cycle is to enhance the CO2 separation
process by avoid mixing the, combustion-formed, CO2 with the inert non-condensable ni-
trogen (N2) in the air. That is achieved through the use of virtually pure oxygen (O2) as an
oxidizer in the combustion process, instead of using air as the oxygen carrier, which contains
about 75 -wt.% (78 -vol.%) inert N2. Ideally the combustion products from the combus-
tion of methane (CH4) and oxygen (O2) are pure steam (H2O) and carbon dioxide (CO2),
from which the CO2 can be separated by condensing the steam (Equation 2.1). Oxy-fuel
combustion entails additional challenges for the combustion system design, which can not
be designed straight off in the same manner as in a conventional gas turbine. The adiabatic
flame temperature reaches above 5,000 ◦C for a stoichiometric combustion of pure oxygen
and methane (at 25 ◦C) [57] and therefore recirculated carbon dioxide and steam are required
for dilution to avoid too excessive temperatures far beyond the material integrity. The oxygen
separation in an ASU consumes energy, which penalizes the cycle performance substantially.
The combustion systemmust, therefore, be designed to operate at close to stoichiometric con-
dition, with virtually pure oxygen as the oxidizer and recirculated CO2-rich working medium
for dilution.

CH4 + 2O2 ⇒ CO2 + 2 H2O (2.1)

The desire to operate the combustion at close to stoichiometric condition, to minimize
the oxygen consumption, changes the properties for the combustion, e.g. the flame speed,
flame stability and flammability, and entails a risk of unburned hydrocarbon or CO emissions
[69]. A challenge for the design of the combustion system is to control the flame temperature
and adjust the combustion properties through dilution of the recirculated working medium
at different stages of the combustion. It is thought that this is done by mixing the three
streams (oxygen, fuel and the diluent CO2-rich working medium) precisely regarding location
and quantity. The combustion-related issues and the operation with close to stoichiometric
combustion were not included in the scope of this thesis work. Instead the basic methods were
addressed in the collaborative project OxyGT [69, 65] and are a subject for further studies.
The approach for this doctoral thesis was to presume that the combustion could be achieved
with an oxygen excess of 1.0 -wt.% O2 above the stoichiometric combustion ratio. The low
oxygen excess might result in elevated CO emissions, which would not be acceptable for an
open power plant cycle. This CO emission issue may be somewhat subsidiary in an OCC
because of the semi-closed loop, as the CO emissions in the minor CO2 bleed stream can be
oxidized catalytically to CO2 if required, with the reservation that the mixture of H2O, CO2
and CO does not cause any material or chemical issues (e.g stress-corrosion-crack [76]). That
the combustion is feasible with only 1.0 -wt.% excess of oxygen is strengthened by the fact
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that the oxygen stream is controllable and can be injected at the precise location needed for
the combustion, instead of smoothly diluted with the surrounding working medium as in a
conventional combustion chamber that utilizes air. The basis for the OCC to be an attractive
alternative for CCS is not compromised considerably even if it turns out that the oxygen excess
needs to be increased slightly. An increase to, for example, a stoichiometric ratio of 1.05 (i.e.
an O2 excess of 5.0 -wt.% in the combustor) “only” reduces the total net cycle efficiency by
about 0.3-0.4 percentage point.

2.1.3 Air separation unit

The oxidizer stream of virtually pure oxygen required for oxy-fuel combustion is produced by
separating air into its main components, i.e. nitrogen, oxygen, argon and water. The other
rarer components in air can also be separated individually at an additional energy cost, but
as that is not required for oxy-fuel combustion these trace components follows as impurities.
The most common ASU technology today is through cryogenic air separation. Other avail-
able or upcoming ASU technologies at different levels of maturities are ITM (ion transport
membrane), OTM (oxygen transport membrane), PSA (pressure swing adsorption) and VSA
(vacuum swing adsorption), and were briefly described in [27, 53, 22].
The main application for cryogenic ASU today is supplying steel factories and coal gasifi-

cation plants with oxygen, while nitrogen in some cases can be used for inert storage of, for
example, petroleum. In a cryogenic ASU the air is separated by utilizing the different temper-
atures at which oxygen and nitrogen condense, which occurs at 77.2K (-195.95 ◦C) for N2,
and at 90.1K (-183.05 ◦C) for O2 at standard atmospheric pressure [50].
As argon has a condensation temperature of 87.2 K (-185.95 ◦C) [50] which is fairly close to

that of oxygen, most of the argon follows with the oxygen when the oxygen is separated from
the nitrogen. The purity of the oxygen from a cryogenic ASU is generally in the range of 85.0-
99.5 -wt.%O2 [27, 8, 56] and depending on the required oxygen purity, the oxygen separation
is carried out in one or several distillation columns in the ASU [8]. The production of O2 is the
single largest source for efficiency reduction in an OCC, compared to a conventional CCPP.
A higher purity comes with an additional energy cost [8] and the cost is substantial increasing
for a purity above 95 -wt.% O2 [73]. An oxygen purity of 95 -wt.% O2 was considered to
be a justifiable trade-off between the energy cost and the purity, which is a purity commonly
used when studying OCCs [81, 16] although there are example of studies using higher O2
purities [17, 62]. A benefit with an increased O2 purity is that it might lead to a reduced cost
for the eventually needed after-treatment of the CO2 bleed stream, and should therefore be
balanced against the increased production costs for a O2 stream with a higher purity.
The oxygen stream used in this investigation was presumed to be provided from a cryogenic

ASUwith a composition of 95.0 -wt.%O2, 3.0 wt.-%Ar and 2.0 -wt.%N2 and supplied with
a pressure of 1.20 bar and a temperature of 30.0 ◦C. The energy cost for the oxidizer stream
used was 735 kJ/kg (i.e. 204 kW h/t O2) [27]. Compared to the figures used in previous
published studies this is in the lower spectrum. The typical published energy cost stream with
a O2 purity of 95.0 -wt.% O2 are 200-260 kW h/t O2 [73, 27, 53, 8], and a variation in
energy cost from 221.3-268.7 kW h/t O2 for a oxygen purity in the range from 85.0 -wt.%
to 97.0 -wt.% [8]. There is, however, expectations that the production cost can get as low
as 140 kW h/t O2, with heat integration [27]. Several of the published cost figures above
were also for a pressurised oxygen stream and not for an atmospheric condition as the case for
the herein used cost of 735 kJ/kgO2. The further required compression to the combustor
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delivery pressure was made with an isentropic efficiency of 80.0%, and if including the energy
cost for the compression to 34.28bar is the energy cost 1,280 kJ/kg (i.e. 356 kW h/t O2).
The total energy consumption for the production and compression was 26.8MW, which
reduces the total OCC efficiency by 10.8 percentage points.

2.1.4 Turbine

The purpose of the OCC’s gas turbine unit’s turbines does not differs from the turbine in a
conventional gas turbine unit’s, in that it should expand and extract work from the working
medium as efficiently as possible. The turbine design for the OCC’s gas turbine unit is de-
scribed in Chapter 5 and more information regarding the general basic aerodynamic turbine
design was discussed in the present author’s licentiate thesis [22].

2.1.5 Heat recovery steam generator and steam cycle

The thermodynamic design of the heat recovery steam generator (HRSG) and the steam cycle
for the OCC is similar to a conventional CCPP and they virtually do not differ from each
other. A slight difference between the two is, however, that the design and the performance of
the HRSG and steam cycle are actually slightly enhanced in the OCC. That is because of the
gas properties of the CO2-rich working medium in the topping cycle, as discussed in section
2.3.3.
The steam cycle for the OCCwas designed as a two pressure level design with the admission

data at the high-pressure (HP) steam turbine inlet of 100 bar and 565 ◦C, which gives a
volume flow of 1.5m3/s into the HP steam turbine. The low-pressure (LP) steam cycle had an
admission data of 4.5bar and 195 ◦C, which gives a volume flow of 2.7m3/s at the injection
valve into the LP steam turbine. A Siemens SST-700 steam turbine was identified as a suitable
commercial off-the-shelf steam turbine module for the steam cycle. The design of the turbine
blading for this module and the calculation of their efficiency were carried out with Siemens
design program. The pressure level at the injection valve for the LP steam cycle (4.5 bar) was
chosen to match the pressure level after stage 6 in the LP turbine. The low volume flow in
the HP turbine results in the need for a smaller mean blade diameter to maintain the blade
height. This means that the shaft speed needs to be increased to compensate for the otherwise
reduced blade speed. The steam turbine was, therefore, a dual-casing design to allow for a
higher shaft speed in the HP turbine, than in the IP- and LP turbines.
The pinch-points have a direct effect on the steam production and, thereby, on the total

plant power and efficiency too. Realistic design values of the pinch-point in the economizers
are typically between 8-15 ◦C [48], but can be as high as 25 ◦C to reduce the heat transfer
area further. Varying the pinch-point in the OCC from 8 to 25 ◦C changes the efficiency
and power of the total power plant by about 1.0 percentage point and 2.0MW. A 10 ◦C
pinch-point was used for the HP economizers and a pinch-point of 15 ◦C was used for the LP
economizer. The first LP economizer was also used to preheat the HP feedwater, to improves
the utilization of the exhaust heat in the flue gas. The approach-point is typically in the range
from 5-12 ◦C [48], and a 12 ◦C approach-point were used for both the LP- and HP steam
drum evaporators. The steam turbine condenser was seawater cooled with an incoming tem-
perature of 15 ◦C, outgoing temperature of 25 ◦C and a temperature difference between the
outgoing condensate and the outgoing cooling water of 3.5 ◦C, which correspond to a con-
denser pressure of 0.039bar. The high-pressure steam was first expanded in the HP-turbine
with a PR of 3.1 down to 31.7 bar, then in the IP-turbine with a PR of 7.3 down to 4.4bar.
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In the LP turbine the steam was finally expanded to the condenser pressure of 0.039 bar, into
which the LP steam was also injected. The HP turbine was spinning at 6,000 rpm and had a
calculated isentropic efficiency of 90.2%, while the IP turbine and LP turbine were spinning
at 3,000 rpm and had the calculated isentropic efficiencies of 88.9% and 86.0%, respectively.
The 6,000 rpm HP shaft was connected through a gearbox to the 3,000 rpm IP- and LP

shaft, which drive a 3,000 rpm generator. The design point efficiencies for the gearbox and
the generator were 98.69% and 98.27% respectively. The pumps, such as, for example, the
feedwater pumps, in the steam cycle were modelled with an isentropic efficiency of 75%.
The energy utilization in the HRSG is discussed more in section 2.3.3, in which Figure 2.15

shows the T-Q chart (temperature vs. energy chart) for the HRSG design.

2.1.6 Flue gas condenser

The working medium leaving the economizer in the HRSG has a temperature of 70 ◦C at the
design point. For an alternative OCC configuration might the temperature vary within the
range of, at least, 70 to 130 ◦C depending on the steam cycle design, e.g. the number of steam
pressure levels and the pinch-point in the LP economizer have a clear influence on the tem-
perature level. The majority of this mass flow (about 90 -wt.%) is recirculated back toward the
gas turbine compressor inlet, but before it can be re-injected into the compressor inlet it has to
be cooled, cleaned and slightly reheated. By adding a flue gas condenser in the form of a wet
cooling tower at the cold end of the HRSG, both the cooling and cleaning can be achieved
in one single unit (Figure 2.2). The basic working principle of the cooling tower is to spray
in recirculated water at the top of the tower. The water then drains down through surface-
enhancing plates, where the water interacts with the (counter-current) upwards-flowing work-
ing medium, which gets cooled. The velocity of the working medium rising up through the
tower has to be kept sufficiently low to avoid water carryover. The velocity limit depends on
the size of the water droplets and the design of the tower, but a velocity in the order of 2m/s
can be used as an indicative figure, which corresponds to an estimated cross-section radius of
about 5.0m [65]. As the working medium is cooled below its dew point, some of the steam
condenses and falls down to the bottom of the tower, where it is collected to be reused as a
cooling medium. In addition to cooling the working medium the water spray also acts as a
scrubber, which purifies the working medium from determinable substances, such as acids,
potential soot particles and deposits, which might be chemically aggressive to the material and
also risk plugging cooling holes in the turbine airfoils. The cooling water that is collected at
the bottom of the condenser tower is itself cooled through an external heat drain, presumably
a seawater cooler or external cooling tower depending on the available cooling medium at the
site. A part of the cooling water stream is also passed through a water treatment plant to en-
sure high quality before it is reinjected into the top of the cooling tower. The cooling tower is
not associated with any water consumption, as there will be a surplus of water available from
the condensing of steam formed in the gas turbine combustion, and neither is it any major
energy consumer either, as its consumption is mainly associated with pumping water and a
facility for the water clean-up. The pressure drop of the flue gas across the flue gas condenser
was assumed to be 20mbar.

2.1.7 Recirculation, pre-heating and CO2 separation

Theworking medium that has been passed through the cooling tower is split into two streams,
one major stream that is recirculated back towards the gas turbine unit’s compressor inlet and
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Figure 2.2: Layout of the combined wet cooling tower and scrubber, for cooling and cleaning
the working medium prior to the recirculation and the CO2 bleed

one minor CO2 stream that is bleed off to be sequestrated. The mass of the minor CO2 bleed
stream keeps the mass balance stable by balancing the fuel flow and the oxygen supply injected
into the cycle in the gas turbine combustion and potential minor leakages out of the cycle. The
total mass of the bleed stream is about 26 kg/s or 10 -wt.% of the total recirculated mass flow,
including the condensed excess water in the cooling tower, which is drained off separately in
the condenser.
The composition in the CO2 bleed stream is about 85 -wt.% CO2, 10 -wt.% H2O and

a few percentage points of mainly the enriched non-condensable gases argon and nitrogen
(Table 2.1). The composition of the bleed stream depends mainly on the temperature in the
cooling tower, and hence the amount of H2O that is condensed and separated prior to the
bleed, and to a minor extent on the composition of the fuel and oxidizer streams. The ratio
between the CO2 and H2O will therefore vary slightly if the condenser temperature, the
fuel composition and the composition of the oxygen stream are changed. The CO2 bleed
stream is passed through a compressor- and pump train with intermediate cooling, to separate
the H2O from the CO2 and compress the CO2 to a state applicable for transportation and
sequestration. By using intermediate cooling the water is condensed and separated from the
stream. This reduces the mass flow of the bleed stream and lowers its temperature, both of
which reduce the work for the CO2 compression. The required state of the delivered CO2
stream from the compressor train depends on the utilization area, but it is likely to be delivered
as a virtually pure CO2 stream in a supercritical state.
CO2 compression represents the second largest efficiency penalty in the total OOC effi-

ciency, after the oxygen production in the ASU. The energy consumption depends on the
configuration of the compressor train and the number of inter-coolers. The full compres-
sor train was not modelled thermodynamically in the process simulation. The approach was
instead to penalize the cycle with a specific energy consumption for the compression of the
CO2 bleed stream to its final delivery state of 140 bar, used in this investigation. A common
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approach is to apply a fixed specific energy consumption in kW/kg wet CO2. This method is
not preferable when the flue gas condenser temperature affects the water content directly and,
thereby, also the energy consumption despite a constant dry CO2 mass flow. The method
used to avoid this undesirable influence was to include the compression of the bleed stream to
3.5bar and the subsequent cooling to 40 ◦C in the thermodynamic cycle simulation. From
this specific state of 3.5 bar and 40 ◦C, where the water content is independent of the con-
denser temperature, a specific energy cost of 315 kW/kg wet CO2 was then used to represent
the energy cost for the compression to 140 bar. The total energy consumption was 6.5MW,
which reduces the total power plant efficiency by 2.6 percentage points.
The CO2 stream might need to be further treated by removing traces of impurities de-

pending on the storage site or its utilization. The acceptable level of impurities depends on
the applications of the CO2 stream even for similar application and it is therefore difficult to
specify it accurately on a general basis [35]. The energy consumption for any after treatment
was not considered in the CO2 compression cost and, if required, this cost has to be accounted
for separately.
The working medium is saturated with steam in the flue gas condenser as it is cooled down

to, and below, its dew point. A high moisture content is a problem as there is an obvious
risk of formation of water droplets through condensation in the compressor bellmouth and
in its front stages, where the static temperature is reduced as the fluid is accelerated to a high
absolute Mach number. The absolute Mach number reaches for example about 0.6 at the
inlet to rotor 1 and about 0.9 at the inlet to stator 1. Water droplets in the compressor
inlet risk to causing erosion and corrosion to the compressor airfoils and the droplets can
themselves also act as a scrubber and, by precipitation, enrich aggressive impurities on the
compressor airfoils. The working medium is therefore passed through a preheater to protect
the first compressor stages. The preheater increases the temperature by a few degrees (about
3-5 ◦C), which reduces the relative humidity down to approximately 80%, or less. As the
preheating itself both require an additional heat energy supply and increases the compressor
work it penalizes the cycle performance (from a thermodynamic perspective) and the amount
of preheating should therefore be kept at a fairly low (but still sufficiently high) level.
The working medium is passed through an inlet filter before it is recirculated back to the

compressor inlet, to capture any debris that might slip through the clean-up plant and poten-
tial deposits from the recirculation pipes. A conventional gas turbine air filter design is likely
to be appropriate to use as the working medium is preheated down to a relative humidity of
approximately 80% or less, which reduces the risk of water carryover. The energy consump-
tion for the preheating is 4.5 kJ/kg recirculated working medium, or about 1.0MW in total
for the OCC design. This energy supply was modelled by using a heat exchanger that utilizes
low-pressure feedwater as the heat source, but for a simpler and less integrated cycle design an
electric heater is an alternative.
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2.2 Working medium
This section describe the properties of the CO2-rich working medium and compare it against either
air or the flue gas in a typical conventional natural gas-fired combined cycle power plant at typical
compressor and turbine gas states.

In the OOC’s topping cycle the composition of the working medium is different from
that in a conventional natural gas-fired CCPP, where the working medium consists of either
air (in the compressor) or a flue gas (in the turbine). Therefore, the gas properties of the
working medium are also significantly different in the two power plants. The composition of
the working medium at the oxy-fuel gas turbine’s compressor inlet has a composition of 84.6
-wt.% CO2, 8.8 -wt.% H2O, 3.9 -wt.% Ar, 2.6 -wt.% N2 and 0.1 -wt.% O2 at a gas state of
64.7 ◦C and 1.015 bar (Table 2.1). The higher mass fraction of argon (3.9 -wt.% Ar) in the
working medium compared to air (1.27 -wt.% Ar) is due to the fact that argon does not get
efficiently separated in a cryogenic ASU and, thereby, gets enriched in the recirculated cycle,
as discussed in section 2.1.3. The gas properties with respect to the specific heat at constant
pressure (cp), the isentropic exponent (γ), the speed of sound (a), the dynamic viscosity (µ)
and the compressibility factor (Z) are clearly different for the CO2-rich working medium
compared to air at similar states (Table 2.2 and 2.3).

Table 2.2: The composition and gas properties of the working medium in an oxy-fuel gas
turbine, compared to the gas properties of air or flue gas, at the same gas state

Compressor Turbine
Inlet Outlet Inlet (CT) Outlet (PT)

OCC CCPP OCC CCPP OCC CCPP OCC CCPP

CO2 [-wt.%] 84.6 0.1 84.6 0.1 80.3 7.6 81.2 6.0
H2O [-wt.%] 8.9 0.6 8.9 0.6 13.4 6.8 12.5 5.5
Ar [-wt.%] 3.9 1.3 3.9 1.3 3.7 1.2 3.7 1.2
N2 [-wt.%] 2.6 75.1 2.6 75.1 2.5 73.0 2.5 73.5
O2 [-wt.%] 0.1 23.0 0.1 23.0 0.1 11.3 0.1 13.9
Temperature (T ) [◦C] 64.7 64.7 438.6 438.6 1340.0 1340.0 612.0 612.0
Pressure (p) [bar] 1.015 1.015 31.2 31.2 30.31 30.31 1.080 1.080
Molar mass (M ) [g/mol] 38.38 28.85 38.38 28.85 36.32 28.23 36.73 28.36
Gas constant (R) [kJ/(kg K)] 216.7 288.2 216.7 288.2 228.9 294.5 226.3 293.1
Specific heat (cp ) [kJ/kg] 0.961 1.012 1.192 1.084 1.484 1.336 1.298 1.33
Isentropic exp. (γ) [−] 1.29 1.40 1.22 1.36 1.18 1.28 1.21 1.33
Speed of sound (a) [m/s] 307 369 434 529 661 781 493 587

These differences give rise to several design-related questions, such as what is the preferred
overall OCC layout and gas turbine unit’s PR, and its influence on the cooling medium con-
sumption and the effect on the Mach number in the turbomachinery design. There was also
uncertainty over whether the traditional correlation-based 1D and 2D design tools and design
methods could still be used or not. These questions are addressed in the subsequent section 2.3
and in Chapter 3, 4 and 5.
The gas properties at the inlet and outlet of the compressor and turbines are given in Ta-

ble 2.2, where they are compared against the properties for either air or a flue gas at the same
state. The gas states are not the same in the OCC and in a conventional natural gas-fired
CCPP, and therefore for completeness the gas properties for the states in a typical natural gas-
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Table 2.3: The composition and gas properties in the gas turbine for a typical natural gas-fired
combined cycle power plant

Compressor Turbine
Inlet Outlet Inlet Outlet

CO2 [-wt.%] 0.1 0.1 7.2 5.6
H2O [-wt.%] 0.6 0.6 6.4 5.2
Ar [-wt.%] 1.3 1.3 1.2 1.2
N2 [-wt.%] 75.1 75.1 73.1 73.6
O2 [-wt.%] 23.0 23.0 12.0 14.5
Temperature (T ) [◦C] 15.0 451.0 1445 565
Pressure (p) [bar] 1.013 21.4 20.4 1.04
Specific heat (cp ) [kJ/kg] 1.010 1.087 1.342 1.170
Isentropic exp. (γ) [−] 1.40 1.36 1.28 1.33
Speed of sound (a) [m/s] 340.9 532.9 804.4 572.1

fired CCPP are also shown in Table 2.3. These tables are based on the actual gas composition
present in the OCC and a typical composition in a conventional CCPP, which is also given
in the Tables. That is not the case for the illustrated variation in the specific heat (cp), isen-
tropic exponent (γ) and dynamic viscosity (µ), all with respect to the temperature in Figure
2.3 and 2.4 and 2.5, where 100% CO2 is compared against air for pressures between 1 and
40bar. The reason for comparing pure CO2, instead of a gas mixture as in Table 2.2 and 2.3,
is because of the complexity with a changing composition of the working medium through-
out the cycle, regarding both pressure and temperature. Therefore, there is some deviation
between the numbers shown in the graphs and those given in the tables. The difference is
mainly because the water content of about 10 -wt.% is not taken into account in the graphs.

250 500 750 1,000 1,250

0.90

1.00

1.10

1.20

1.30
CO2

Air

Temperature [◦C]

Sp
ec
ifi
c
he
at
at
co
ns
ta
nt

pr
es
su
re

(c
p)

[k
J/

(k
gK

)]

1 bar
10 bar
20 bar
30 bar
40 bar

Figure 2.3: Specific heat at constant pressure vs. temperature, for air and CO2.

The CO2-rich working medium deviates significantly from an ideal gas, unlike air, which
has a fairly ideal behaviour at the gas states concerned. This can be seen from the fact that
the compressibility factor (Z) given by Equation 2.2 deviates greatly from 1.0 for CO2 in
Figure 2.6. Air, on the other hand, has a much more ideal behaviour and its compressibility
factor (ZAir ) is close to 1.0 for the gas states concerned as seen in Figure 2.7 (note the different
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scale on the y-axis in the two figures). This deviation from the ideal gas law for the CO2-rich
working medium implies that it is essential to use real gas data in the calculations.

Z =
pv
RT

(2.2)
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2.3 Cycle optimization
This section describes the approach used to determine the preferred cycle design and discusses the dif-
ferent design parameters that were investigated, namely the gas turbine pressure ratio (PR), the ex-
haust gas temperature (EGT) from the gas turbine unit’s, the cooling medium consumption (mcool ),
the turbine disc sealing consumption (mse al ) and the preferred amount of cooling of the recircu-
lated working medium. The effect on the HRSG and steam cycle design of the CO2-rich working
medium is also discussed in this section.

2.3.1 Gas turbine pressure ratio and exhaust gas temperature

Designing a CCPP and optimizing the design of the embedded components, e.g. the gas tur-
bine unit, from scratch is an art in itself, regardless of whether it is a conventional CCPP or
an OCC.The design optimization is, in its simpler form, associated with major uncertainties,
while when increasing the model complexity the optimization in many aspects quickly risks
becoming neither foreseeable nor manageable. What makes the design optimization especially
problematic is the question of how different parameters, assumptions and design choices affect
each other. The optimization process is therefore a multidimensional problem where the key
to enabling an efficient design process is to achieve a sound balance between the complexity
of the initial modelling, its turnaround time and its accuracy. The multidimensional nature
can be exemplified by the many design choices that have to be addressed almost immediately
for the gas turbine design. Questions that arise include the shaft configuration, the gas tur-
bine unit’s pressure ratio, the number of compressor stages and turbine stages, the number
of cooled stages, the exhaust gas temperature from the gas turbine unit, assumable compo-
nent efficiencies, assumable cooling medium consumption and, on top of this, predicting the
trends of how these parameters influence each other.
To avoid the initial oxy-fuel combined cycle design being optimized against improper de-

sign parameters it was a priority to achieve a cycle model that predicted the trends correctly.
That is because, in the initial design phase, it is more important to predict the trends correctly
than that the absolute levels for the final design are absolutely correct. That is because there is
a major risk that the overall design turns out to be a sub-optimal design if the trends are not
captured correctly in the initial design. A suboptimal design results in lost performance for
the entire power plant that cannot be fully compensated for, even by optimal designs of the in-
dividual subcomponents. Certain design decisions tend, however, to be based on the absolute
performance levels and therefore the prediction of the absolute levels is still important.
Analysing the cycle design was basically about considering and relating the different design

choices to the available technologies that are either governing, guiding or limiting it and to
ensuring that the design fulfilled the specification. The main technologies that generally need
to be considered are the combustion, the turbine cooling, the HRSG and the steam cycle
technologies. These technology levels must also reflect the size of the power plant, as the
available technologies are size dependent. The design specifications for the OCC included,
amount others, a power plant in the range of 115-125MW. The OCC design should also, to
the greatest extent possible, be based on current state-of-the-art technology to avoid having
to develop any new technologies or components that were not required for obvious reasons.
That is because all components or technologies that are not already mature risk challenging
the feasibility of bringing the OCC concept to the market within the foreseeable future.
It was decided early that the combustor outlet temperature (COT) would be 1,340 ◦C,
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which is in the range from 1,319 ◦C to 1,425 ◦C commonly used for oxy-fuel combined cycles
[62, 15, 81, 49, 75, 70], although COT of 1,232 ◦C [59] and 1,600 ◦C [81] have been used
too.
A COT of 1,340 ◦C is a relatively conservative temperature compared to today’s modern

gas turbine technology standard. Mitsubishi Heavy Industries have, for example, a turbine
inlet temperature of 1,600 ◦C in their J-series gas turbines [39, 82]. The decision to use a
COT of 1,340 ◦C was justified with regard to the relatively high gas turbine PR required for
a certain temperature ratio (TR) across the turbines because of the different gas properties, as
discussed in the following section. It was not desirable either to further complicate the design
of the combustion system with a too high COT, as a completely new design of the combustion
system is already required for the oxy-fuel combustion. The reason for not reducing the COT
further was that it would reduce the specific power and the total efficiency of the OCC and
with that also the OCC’s competitiveness.
It was decided to limiting the admission data for the steam cycle to 565 ◦C and 100bar,

which can also seem slightly conservative, as there are steam cycles with higher admission
data. These high admission steam cycles (i.e. 585-600 ◦C [64, 38]) are, however, mainly for
the larger power cycle segment, and with higher admission data for the OCC in a 1-1 gas-
and steam turbine configuration the volume flow into the HP steam turbine is getting too
low for a good HP turbine design (i.e. blade height). The volume flow into the HP turbine
was 1.50m3/s, at 565 ◦C and 100 bar. To increase the performance of the OCC either the
steam temperature could have been increased towards 580-585 ◦C, or a reheat cycle been
used or a combination of both an increased temperature and a reheat could have been used.
These options were not investigated further for the design case of the OCC; instead higher
steam data was considered as an upgrade opportunity for larger OCC power plants with either
multiple gas turbine unit configurations such as 2-1 or 3-1, or larger OCC gas turbine units,
or when high admission steam turbines for lower volume flows become more commercially
available. For a conventional CCPP of similar power size the design procedure would (most
likely) be to based on the highest manageable COT, without an all too high cooling medium
consumptioni, chose a gas turbine PR that results in an EGT that is about 20-25◦C higher
(or slightly more) than the HP steam temperature. For example, designing for an EGT of
585-600 ◦C for a HP steam temperature of 565 ◦C. Depending on the COT, this would
correspond to a gas turbine PR of about 18-22, which is in line with the efficiency optimum
for a CCPP as shown by Horlock [45] and the commercially available CCPP [2, 4]. There
are, however, conventional CCPPs with both higher and lower PRs and EGTs available in the
market [2, 4]. Designing these CCPPs with an, for the CCPP efficiency, optimal gas turbine
PR is not an issue as the optimal PR is modest even for a state-of-the-art COT (i.e. a J-series
of 1,600◦C).
The design of the OCCwas more complicated than it would have been for a CCPP, because

the OCC design also needs to consider some additional aspects related to the gas properties,
which affect and complicate the design further. These effects on the design are mainly related
to the lower isentropic exponent (γ), compared to a conventional flue gas. The design is also
affected by the different variations in specific heat (cp) and the lower speed of sound (a) for
the CO2-rich working medium. The lower isentropic exponent of the working medium in
the OCC calls for a higher gas turbine PR to achieve the same gas temperature ratio (TR) in
the turbine(s), as in a conventional CCPP for the same COT. To illustrate the increased need

iI.e. the highest manageable temperature if one imagines mixing the working medium at the turbine inlet with the
turbine cooling medium, all prior to the turbine inlet.
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for a higher PR in the oxy-fuel gas turbine unit, compared to a conventional gas turbine, the
relation between the TR (T1/T2)ii and the PR (p1/p2) is shown for air and CO2 in Figure 2.8.
As mentioned in section 2.2, the CO2-rich working medium does not behave fully as an ideal
gas, but to give an idea of how the pressure and temperature relate to each other the isentropic
relation between the temperature and pressure for an ideal gas can be used (Equation 2.3).
From this graph (Figure 2.8) it can be seen that for a TR of 1.75 the required PR for air is
about 10, while a PR of about 44 is required for the same TR for CO2. It also appears that
the derivative declines with an increasing PR, hence the benefits of further increasing the PR
decline.

T1
T2
=

(
p1

p2

) *.
,

γ − 1
γ

+/
- (2.3)

The calculations were made in the process simulation tool Krawal Modular for an inlet
temperature (T1) of 1340 ◦C (1613K) and an outlet pressure (p2) of 1.0 bar, without any
cooling medium and with an isentropic efficiency of 100%, and reflect therefore not entirely
a real engine behaviour. Included in the figure is also the average isentropic exponent (γav g .)
calculated as a straight average between the inlet and outlet (γav g . = 0.5 (γ1 + γ2)) to show
its variation.

5 10 15 20 25 30 35 40 45

1.25

1.50

1.75

2.00

2.25

2.50

Pressure ratio
( p1
p2

)
[−]

Te
m
pe
ra
tu
re
ra
tio

( T 1 T 2

) [−
]

1.10

1.15

1.20

1.25

1.30

1.35

T RCO2

T RAir

γav g .CO2

γav g .Air

Av
er
ag
e
ise
nt
ro
pi
c
ex
po
ne
nt

(γ
av

g.
)[
−
]

Figure 2.8: The isentropic relation between the temperature ratio (in Kelvin) and the pressure
ratio, for CO2 and air. The average isentropic exponent γav g . is also seen. Derived
with a T1 of 1613K (1340 ◦C) and a p2 of 1.0bar.

The influence that the gas turbine unit’s PR has on the OCC’s efficiency, the EGT, the SAS
consumption and the temperature into the power turbine, for a constant COT, was important
to consider during the cycle design. These relations were, therefore, investigated through a
parameter study in the process simulation tool, in publication II [25]. The investigation was
made through including a gas turbine model in the process simulation, in which every turbine
stage was modelled individually to enable the prediction of the turbine cooling and disc sealing
iiin Kelvin (K)
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medium consumption for each stage. It should be noted that a twin-spool gas turbine unit
was used for the investigation in publication II [25] and not a single-shaft GG with a free
PT, which was the final design chosen for the gas turbine’s shaft configuration. Therefore, the
numbers in Figure 2.9, 2.10, 2.11 and 2.12 do not fully agree with the final design figures for
the gas turbine unit. The overall trends and conclusions from this study are nevertheless still
considered valid and are as follows.
Firstly, increasing the PR reduces the EGT from the gas turbine unit, and as long as the

EGT is above 590 ◦C this has a positive effect on the cycle performance. That is because the
super-heater pinch-point can then be decreased down towards its lower limit, which for the
OCC design was set to 25 ◦C. The reason for the increased performance is that the exhaust
heat energy can then be better utilized in the steam cycle (i.e. less exergy losses).
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Figure 2.9: The effects on the exhaust gas temperature of the gas turbine’s pressure ratio.

An increased PR is, however, likely to result in a need for additional compressor stages and
possibly additional turbine stage(s), too. The efficiency of both a compressor and a turbine
is reduced with an increasing PR and especially if the increased PR is to be handled by an
increased stage load (ψ), instead of adding additional compressor stages and/or turbine stages.
The working medium consumption for the secondary-air-system (SAS) that provides the

workingmedium for the turbine cooling and disc sealing also increases with a rising gas turbine
PR, as seen in Figure 2.10. The increase is mainly the result of an increasing temperature of
the cooling medium (Tc ) and a higher density (ρ) of the disc sealing medium, both caused
by the higher PR. Thereby, the SAS flow to the HP turbine increases with a rising PR. The
increased compressor work results also in a longer expansion in the compressor turbine(s),
which also reduces the temperature of the working medium (Tg ) in the power turbine. If
the temperature in the power turbine is reduced below the acceptable metal temperature of
the airfoils can the PT be uncooled. The effect from the increasing compressor work on
the temperature into the PT is seen in Figure 2.11, and the influence is further discussed in
section 5.2. This reduced temperature of the working medium (Tg ) in the power turbine
results in the SAS consumption in the power turbine being reduced with an increasing PR.
Therefore, there are two counteracting effects on the total SAS consumption, i.e. the increasing
SAS consumption in the HP turbine because of an increasing temperature of the cooling
medium and the declining cooling need in the power turbine as the temperature of the working
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medium (Tg ) is reduced in the PT. At a PR above 40, the gas temperature into the power
turbine is below 900 ◦C which was the assumed maximum metal temperature in the stage
cooling model for the gas turbine unit’s PT in the process simulation tool. The effect of this
is that the counter acting effect from a decreasing PT cooling ceases at a PR of 40, which is
seen as an increased derivative for the total SAS consumption at about 40 bar in Figure 2.10.
(This maximum metal temperature is however, dependent on the blade material of choice.)
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Figure 2.10: The effects on the SAS consumption of the gas turbine’s pressure ratio for the
GG, PT and the total, as a percentage of compressor inlet mass flow. The SAS
consumption for the GG is the sum of the HP- and LP turbines.
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Figure 2.11: The effects on the temperature into the power turbine of the gas turbine’s pressure
ratio.

The compressor outlet temperature is also increased by a higher pressure ratio (i.e. com-
pressor work), which for a specific COT reduces the temperature rise in the combustor and,
thereby, the specific work of the OCC.The influence of the gas turbine unit’s PR on the EGT
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and the total OCC efficiency are seen in Figure 2.9 and 2.12 [25]. The trend is that the gain
in total cycle efficiency declines and eventually flattens out towards the higher PRs. The effi-
ciency optimum was found to be at a PR of about 45 and increasing the PR further reduces
the total plant efficiency. That is as expected and is consistent with a conventional CCPP, apart
from the fact that CCPPs have their efficiency optimum at a lower PR of about 18-22 [4].
Increasing the PR penalizes the cycle efficiency of the OCC slightly more than an increasing
PR does to a CCPP.That is because the compression of the externally provided oxygen stream
is less efficient than if being compressed in the gas turbine unit’s compressor together with the
main working medium, as in a conventional gas turbine.
A design trade-off for the OCC was between aiming for the peak cycle efficiency through

choosing a PR in the range of 40-45 with the increased design complexity it brings, and a slight
reduction of a few tenths of percentage point in total cycle efficiency to gain from the reduced
design complexity that reducing the PR down towards the range of 30 entails. The conclusion
was that the last tenths of percentage point were not worth the extra design complexity of the
gas turbine unit and, therefore, was the OCC finally designed with a PR of 31.0.
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Figure 2.12: The effects on the total cycle efficiency of the gas turbine’s pressure ratio.

2.3.2 Turbine cooling and disc sealing flow

For the quality of the conceptual design, it is important to predict the consumption of the
turbine cooling medium and the disc sealing flows (disc purge flows). These two flow types
are both summarized in the collective name “secondary-air-system” (SAS), which reflects that
it is a secondary fluid stream that is bleed off from the compressor, mainly for protection of
the turbines. A first assessment of the SAS consumption was required in the initial cycle study
before any qualitative aerodynamic calculations, such as a 1D mid-span or 2D through-flow
design, had been performed. This means that there was no actual turbine geometry to base
the SAS estimation on and, therefore, some simple and general models were required for the
first predictions. The turbine cooling and the disc sealing flow consumption are governed by
two separate requirements and by different flow physics and these were, thus, predicted by
two separate models.
The disc’s sealing flows (mse al ) are fed up between the turbine discs and into the main gas
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path. The purpose of these flows are to control the temperature of the discs and by pressurize
the disc cavity and seal of the disc gap, prevent the hot working medium in the gas path
from being ingested down between the discs. Avoiding hot gas ingestion is crucial, as the
discs’ material cannot withstand either the high temperature of the working medium in the
gas path or the thermal stresses that high temperature gradients might cause. The disc sealing
flows were predicted as the minimum flow that is required to avoid hot gas ingestions between
the discs. The predictions were made according to the well-established method of Bayley and
Owen (Equation 2.4) [11]. In this equation, k represents the disc gap opening, s the ef-
fectiveness of the sealing and ρ the fluid density, ω the angular rotation of the disc and r the
disc rim radius.

_mse al = k · s · ρ · ω · r 2 (2.4)

The turbine cooling medium consumption (mc ) is primarily influenced by the suitable
metal temperature (Tm) of the airfoils for a given load and lifetime, the cooled surface area (A),
the gas temperatures (Tg ) of the working medium, the temperatures of the cooling medium
(Tc ), the specific heat of the working medium (cp,g ) and the specific heat of the cooling
medium (cp,c ). From these parameters three dimensionless groups can be derived that repre-
sent the heat-load (m∗), cooling effectiveness (εc ) and cooling efficiency (ηc ) (Equations 2.5,
2.6 and 2.7).

Heat-load (m∗)

m∗ =
mc · cp,c
HTC · A

(2.5)

Cooling effectiveness (εc )

εc =
Tg −Tm

Tg −Tc
(2.6)

Cooling efficiency (ηc )

ηc =
Tc,out −Tc,in

Tm −Tc,in
(2.7)

Rearranging Equations 2.5, 2.6 and 2.7 gives a relation between the three dimensionless pa-
rameters.

m∗ =
ηc

ε (1 − ε)
(2.8)

This is an established set of equations, commonly referred to as the “m-STARmodel”, which
enables calculations of the cooling medium consumption based on the cooling efficiency and
effectiveness [10, 40, 44]. These equations are based on physical relations and were derived
for conventional air-breathing gas turbines. To make this set of equations appropriate for
predicting the turbine cooling medium consumption for different gas properties and gas state,
as in the oxy-fuel gas turbine, some modifications were made. It was required, however, that



2.3. Cycle optimization 31

the prediction model still had to remain simple and robust to be applicable as early as in
the preliminary design of the OCC in the process simulations tool and that its computing
time was not allowed to limit studies of a range of different cases. A weakness with this set of
equations that leads to a considerable uncertainty in the predicted results is that it is difficult to
come up with representative values of the considered parameters, when applied early on in the
design. There is, therefore, a risk of obtaining a significant error in the estimation of the total
turbine cooling medium consumption through estimating some of the parameters slightly
inaccurately. To reduce the uncertainty themethod used was to instead predict relative changes
from a reference design that utilized a similar cooling technology and as similar operation
condition as possible, instead of predicting absolute values. As only relative variations have an
impact on the result, this approach made the analysis less sensitive.
Two parameters that both have a large influence on the cooling medium consumption

and are difficult to estimate from scratch for a new turbine are the cooled turbine area (A)
and a representative average heat transfer coefficient (HTC ). The cooled turbine area (A) is
related to the volume flow (V ) and therefore was the change in cooled turbine area correlated
against the change in the volume flow (dA/dV ). The relation between the cooled surface area
and the volume flow was determined by redesigning a turbine with different volume flows,
while keeping typical stage parameters constant. The designs were made in a 1D mid-span
design tool and by analysing these results the derivative was found to be in the range from
0.5 to 0.75. The cooled surface area (A) comprises both the airfoils and the hub- and tip
platform and the range depends on the assumptions made, such as how the aspect ratio and
solidity were assumed to vary. The heat transfer coefficient (HTC ) is influenced by a large
variety of parameters, where the different gas composition in the OCC is the most significant
contributor relative to the HTC in a conventional gas turbine. The change in the flow field
that results from the different turbine geometry and the fact that the gas state is different also
has an effect on the HTC. The HTC was correlated through the dimensionless quantities
of the Nusselt number (N u), the Prandtl number (P r ) and the Reynolds number (Re).
Rearranging these dimensionless groups showed that the HTC is a function of the specific
heat (cp), thermal conductivity (λ), velocity (C ), pressure (p), dynamic viscosity (µ), density
(ρ) and a characteristic length (L). Before being used, this fairly complicated relationship was
simplified to a more applicable form by using the ideal gas law and a few assumptions [25].
The prediction models for the disc sealing flow and the turbine cooling medium consump-

tion required some additional parameters that are not provided by a traditional process sim-
ulation. The additional parameters required were some basic turbine geometry parameters,
such as for example the number of turbine stages, the radii of the gas path and the shaft speed.
To attain these parameters a broad design of the gas path of the gas turbine unit was carried
out in parallel with the process simulation. This broad design of the gas turbine also provided
the necessary inputs (e.g. gas path geometry and gas state) for the SAS calculations as well as
a first assessment of what the preferred gas turbine unit’s design ought to be like.

2.3.3 Influences on the steam cycle

The HRSG and steam cycle has the same purpose in the OCC as in a conventional CCPP
in that it recovers heat from the gas turbine unit’s exhaust flow and utilizes it for driving the
steam cycle. As discussed in section 2.3.1, the lower isentropic exponent calls for a higher PR
in the gas turbine unit for the same TR across the turbines. A trade-off was, therefore, to
allow a slightly higher EGT into the HRSG than necessary for a typical super-heater pinch-
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point of about 25 ◦C. The final oxy-fuel combined cycle design has an EGT of about 613 ◦C
and a high-pressure steam temperature of 565 ◦C, i.e. a pinch-point of 48 ◦C. That is an
unnecessarily high super-heater pinch-point and a steam temperature of about 585 ◦C would
suit this high EGTwell.The high super-heater pinch-point in theHRSG reduces, however, the
need for multiple pressure levels in the steam cycle. That is consistent with a supplementary
fired CCPP, which generally only has one pressure level [18]. The reason that fewer steam
pressure levels are required is because of the higher steammass flow that is generated in the high
pressure evaporated, when more exhaust heat is available above the evaporators pinch-point
(for a certain steam pressure). This results in a higher water flow through the economizer(s),
which entails a better matching between the available exhaust heat below the pinch-point and
the economizer’s water flow. However, the HRSG inlet temperature in the OCC does not get
near to the temperatures in a supplementary fired HRSG and a two-pressure level steam cycle
design was preferred over a one-pressure level design.
The effect mentioned above is primarily a result of the lower isentropic exponent of the

working medium. Another difference in the gas properties, which results in an interesting
design aspect of the HRSG design, is the variation in specific heat with respect to the tem-
perature. The relation was shown in Figure 2.3, but is reproduced for the temperature range
of interest for the HRSG in Figure 2.13. For air, the variation of the specific heat in the
temperature range from 0 to 700 ◦C has an almost linear but weak concave variation and de-
creases from about 1.15 kJ/(kg K) at 700 ◦C down to about 1.0 kJ/(kg K) at 0 ◦C. In the
same temperature range the specific heat for CO2 has a convex shape with a more rapidly de-
creasing trend from about 1.22 kJ/(kg K) at 700 ◦C down to 0.83 kJ/(kg K) at 0 ◦C. The
two graphs cross each other at about 260 ◦C, which means that CO2 has a higher specific
heat above this temperature and a lower specific heat below it. This large variation in specific
heat for CO2 results in more specific heat energy being available at temperatures above this
crossover (at 260 ◦C) than in a conventional CCPP’s flue gas, while the available specific heat
energy is less in the lower temperature range. The available heat energy in the HRSG for the
OCC and a conventional CCPP is illustrated in Figure 2.14, which shows the heat energy for
the two power cycles compared between the same temperature interval (610- 70 ◦C), which
are typical temperature levels for an OCC. To attain the same total heat energy in both cycles
the CO2 mass flow was reduced to 91.5% of the flue gas mass flow in the CCPPs.
It can be seen that for an EGT of 610 ◦C, an evaporation pressure of 106 bar and a pinch-

point of 10 ◦C (corresponding to a gas temperature of 325 ◦C) there is about 10 kJ/s or 2.5%
more heat energy available in the gas for evaporating and super-heating the steam in the OCC,
than in a conventional CCPP. The heat energy available in the gas below this temperature of
325 ◦C down to 70 ◦C is at the same time about 3.1% less in the OCC (Figure 2.14). This
might seem insignificant, but it should be considered against the fact that the exhaust mass
flow is 245 kg/s and that this behaviour also results in an improved energy match between the
flue gas and steam cycle in the OCC.This is in turn likely to result in a lower gas temperature
out of the HRSG, i.e. the OCC has a gas temperature of 70 ◦C leaving the HRSG which
is below the typical temperature in a two-pressures CCPP. Therefore, by attaining a lower
stack temperature in the OCC the total energy utilization is increased further, which is not
captured in Figure 2.14, where both the OCC and the CCPP are compared between the same
temperature levels. The favourable variation of the specific heat results in there being more
energy available at the high temperatures and less energy at the low temperatures in theHRSG,
which enhances a steam cycle design with fewer steam pressure levels. This strengthens the
effect that a higher EGT (i.e. high super-heater pinch-point) has on the need for fewer steam
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Figure 2.13: Specific heat at constant pressure (cp) for CO2 and the flue gas in a conventional
CCPP.
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pressure levels.
The energy utilization in the HRSG for the OCC design is shown in the T-Q chart (tem-

perature vs. heat energy) in Figure 2.15. The higher HRSG inlet temperature related to the
COT and the lower outlet temperature from the HRSGmeans that the steam cycle represents
a slightly larger portion of the total plant power. In a traditional CCPP the steam cycle repre-
sent about a third of the total plant power, while the steam cycle in an OCC tends to be a few
percentage points higher. For this OCC design the gross power ratio between the gas turbine
unit and steam turbine is 63.0%/37.0%. This does not include the energy cost of the oxygen
production for the gas turbine combustion, which if accounted for would shift the ratio more
towards the steam cycle (i.e. 55.0%/45.0%).
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Figure 2.15: Energy utilization in the HRSG for the oxy-fuel combined cycle design.

2.3.4 Cooling and pre-heating of the recirculated working medium

As the compressor inlet temperature is controlled in the OCC the effects on the cycle design
of varying the flue gas condenser temperature were investigated in publication II [25]. It was
found that cooling the working medium has a variety of effects on the cycle, of which some
counteract and others reinforce each other. The different effects are summarized below and
discussed in more detail in publication II. Increasing the cooling (i.e. a lower temperature
of the working medium at the compressor inlet) results in a reduced steam content in the
working medium. A lower steam content reduces, in turn, the specific compressor work and,
through a reduced heat transfer coefficient, the heat load on the turbines’ hot section. The
isentropic coefficient also gets reduced, which leads to the need for a slightly higher PR for
the same TR in the turbines. The effect of the working medium being colder is also a reduced
specific compressor work, a reduced temperature of the cooling medium and correspondingly
a reduced turbine cooling medium consumption. The reduced compressor outlet temperature
increases the firing window in the combustor and, hence, the specific gas turbine power. If,
on the other hand, the cooling gets reduced (i.e. a higher temperature of the working medium
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at the compressor inlet), less heat is rejected from the cycle and, thereby, the size of the flue
gas condenser and the required temperature of the cooling medium for the flue gas condenser
are reduced too.
The OCC efficiency optimum was found to be in the range of 40 ◦C to 65 ◦C with no

further efficiency gain from cooling further below 60 ◦C. In several publications has a con-
denser temperature of 19-25 ◦C been used [59, 15, 70]. A design temperature of 60 ◦C was
considered preferable after considering the optimum range and design aspects, such as the
condenser size and the requirement for the available cooling medium temperature for the flue
gas condenser.

2.3.5 Preferred cycle design

This section summarizes the proposed design of the oxy-fuel combined cycle that was used for the
proceeding design of the gas turbine unit.

The proposed oxy-fuel combined cycle design consists of a twin-pressure steam cycle, with
admission data of 100 bar and 565 ◦C at theHP steam turbine inlet and of 4.5 bar and 195 ◦C
in the LP steam cycle (according to section 2.1.5). The topping cycle comprises a gas turbine
unit with a COT of 1,340 ◦C and a PR of 31.0 at the design point. The compressor inlet
mass flow is 220 kg/s, the compressor inlet temperature is 64.7 ◦C with a relative humidity of
80% and the EGT into the HRSG is 613 ◦C. The gross cycle power is 153.7MWel and the
net power 119.9MWel . The oxy-fuel combined cycle was calculated to have a gross power of
153.7MWel , a net power of 119.9MWel and a net efficiency of 48.2%, which includes the
energy cost for the CO2 compression and the external O2 production.
In the collaborative project OxyGT [65] was it concluded that the expected cost for a

mature OCC power plant would be about 15-20% higher than for a conventional CCPP,
which should be considered as relatively affordable. That is if excluding cost for the ASU and
the CO2 compression train, if including the costs of the ASU and the CO2 compressor train
will the cost of the entire power plant, obviously be higher.





3 The impact on the gas turbine
design

In this chapter the overall design requirements for the gas turbine unit, which were set by the broad
conceptual cycle design, are described. The specific influences on the gas turbine unit arising because
of its operation in an oxy-fuel combined cycle are also discussed in this chapter.

The subject was investigated in the following publications:
Publication I: Conceptual Design of a Mid-sized Semi-closed Oxy-fuel Combustion Combined
Cycle, GT2011-46299 [60]
Publication II: Optimization of an Oxy-fuel Combined Cycle Regarding Performance and Com-
plexity Level, GT2013-94755 [25]
Publication V: Aerodynamic Gas Turbine Compressor Design for an Oxy-fuel Combined Cycle,
GT2015-42028 [23]
Publication VI: Aerodynamic Turbine Design for an Oxy-fuel Combined Cycle, GT2016-56439
[24]

The overall performance requirements for the gas turbine unit were specified by the broad
conceptual design of the oxy-fuel combined cycle, described in Chapter 2. The design then
proceeded by designing the gas turbine unit to meet these overall performance requirements.
The broad design criteria and boundary conditions for the gas turbine unit’s design were that
it should have a compressor inlet mass flow of 220 kg/s at a temperature of 64 ◦C, a pressure
ratio (PR) of 31.0 and a combustion outlet temperature (COT) of 1340 ◦C. The shaft power
from the gas turbine should be 100MW, corresponding to an exhaust gas temperature (EGT)
of about 610 ◦C. The total medium consumption for the secondary-air-system (SAS) was
also estimated to be 22.8% of the compressor inlet mass flow (Chapter 2). The aim with
the conceptual design of the gas turbine unit was to find a preferred design compromise that
meets these requirements and restrictions. That involved, for example, deciding on a preferred
shaft configuration, the flow matching between the compressor and turbines, the number
of turbine stages, the shaft speed and a first estimation of the gas path’s geometrical shape.
Although the concept phase is approximate, it is important as it sets the basis for avoiding
sub-optimization and, thereby, to achieving a competitive overall gas turbine unit design.
The different design criteria for the OCC gas turbine unit, because of the gas properties of
the CO2-rich working medium, resulted in an unexplored design space where especially the
higher pressure ratio resulted in a need to explore different shaft configurations for the gas
turbine unit. There were several different gas turbine shaft configurations that could have meet
these design requirements. For a gas turbine designed mainly for operation in a conventional
CCPP, i.e. without the intention of being used for mechanical drive, the choice of shaft
configuration would be more apparent. That is, a gas turbine design for a conventional CCPP
would (most likely) be a single-shaft gas turbine design, as is evident if one examines the shaft
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configuration of gas turbines designedmainly for a CCPP [4]. That is because a single-shaft gas
turbine unit has the advantage of being a simpler design with the potential for an enhanced
diffuser design, a cold-end driven generator, with no need for a power turbine overhang,
fewer bearings and potentially fewer turbine stages too. A single-shaft gas turbine design also
has the advantage of an improved part-load performance, through the ability to reduce the
mass flow (by variable guide vanes) and thereby maintain a high COT over a wider part-load
range. However, remember that the pressure ratio for a newly designed gas turbine unit for
a conventional CCPP would probably be about 18-22, which should be compared with the
pressure ratio of 31.0 in the OCC gas turbine unit. The different shaft configurations mainly
considered for the oxy-fuel gas turbine unit were: a single-shaft, a single-shaft gas generator
with free power turbine, a twin-spool gas generator with the low-pressure turbine also acting
as the power turbine and a twin-spool gas generator with a free power turbine. Some other
more novel designs with a geared twin-speed compressor driven by a single compressor turbine
were also investigated [65], but these concepts were considered too complex to proceed with.
The different shaft configurations were explored by conducting broad concept studies of them.
These concept studies provide preliminary information about typical parameters, such as the
gas path geometry, shaft-speed(s), turbines’ stage count and the gas states at the interfaces to
the gas turbine unit’s compressor and turbines.
The two parameters that influenced the selection of the gas turbine unit’s shaft configuration

most were the shaft power of the power turbine and the total gas turbine unit’s PR.
Firstly, because the shaft power was about 100MW it was decided that the generator should

be direct-driven by the power turbine (i.e. no gearbox). A direct driven configuration is
common for large gas turbine and, despite the available gearboxes [58] this approach seemed
appropriate for the 100MW oxy-fuel gas turbine unit. The motive was to save the cost of a
gearbox and to avoid the gearbox loss. For a direct-driven generator the speed of the power
turbine is fixed to 3000- or 3600 rpm for 50- and 60Hz respectively.
Secondly, the relatively high pressure ratio of 31.0 combined with the low temperature

rise of 375 ◦C in the compressor results in a large variation in the volume flow between the
compressor inlet and outlet. A single-shaft compressor design becomes, therefore, more dif-
ficult as a large variation in the volume flow hampers the matching between the front- and
rear compressor stages, while maintaining a sufficiently high blade speed in the rear stages.
Commercial compressor designs with pressure ratios of 30 or above are only common in

aero-derivatives, where this is achieved by twin-spool compressor configurations [4]. An ex-
ception to this is the gas turbine models GT24 and GT26, which achieve a PR of 35.4/35.0
in their 22-stage compressor [4]. For a twin-spool compressor configuration there is no need
for this trade-off between high blade speed and the blade height in the rear compressor stages.
That is because both can be achieved by positioning the high-pressure spool at a lower di-
ameter to increase the blade height, and then compensate for the reduced blade speed with a
higher shaft speed of the high-pressure spool. A twin-spool configuration would, therefore,
facilitate the aerodynamic design, but it would also increase the complexity and cost of the
machine. For an industrial gas turbine unit, such as the oxy-fuel gas turbine, it is preferred to
have a single-shaft compressor design.
A single-shaft configuration with a shaft speed of 3000 rpm, which would be the obvious

choose for a conventional CCPP with a gas turbine shaft power of about 100MW or above
[4], was also considered. (For a smaller conventional CCPP the preferred shaft configuration
would still be a single-shaft gas turbine, but with a gearbox to allow for a higher shaft speed
[4].) This shaft configuration was rejected because of the large change in the volume flow
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throughout the compressor, which would result in too low blade velocities in the rear com-
pressor stages if the blade height was to be maintained at an adequate level (the compressor
design is discussed in more detail in Chapter 4). A single-shaft gas generator with a free power
turbine was, therefore, chosen as the preferred shaft configuration for the gas turbine unit.





4 Compressor design
This chapter describes the design process for the compressor, discusses some general design parameters
and presents the final compressor design.

The subject was discussed in the following publications:
Publication IV: The Influence from the Working Medium on the Profile Loss in Compressor and
Turbine Airfoils, GT2014-25069 [26]
Publication V: Aerodynamic Gas Turbine Design for an Oxy-fuel Combined Cycle, GT2015-
42028 [23]

4.1 Scope of the compressor design
Designing conventional axial compressors is a well-explored and -documented engineering
art, but when it comes to designing compressors for application in an oxy-fuel gas turbine the
amount of information in the public domain is sparse, although some preliminary mid-span
designs have been published [60, 37, 62]. A subset of this thesis was, therefore, to investigate
and carry out a conceptual aerodynamic design of an axial compressor suitable for an oxy-fuel
gas turbine application. This compressor design task was, through the conceptual design of
the gas turbine unit (described in Chapter 3), narrowed down to focus on demonstrating the
feasibility of achieving the compression with a single-shaft compressor design at a satisfyingly
high efficiency. That was instead of the initially intended twin-spool compressor configuration
as used in publication III [25]. In the following sections the aerodynamic design process
for the single-shaft compressor is described and certain design parameters are addressed both
generally and specifically exemplified with design figures from the final compressor design.

4.2 Compressor design process
The aerodynamic compressor design follows as a natural sequence after the conceptual design
of the gas turbine units has determined the boundaries and specified the performance require-
ments for the compressor. The boundaries and performance requirements at the design point
are summarized in Table 4.1.
The same fundamental physical laws govern the aerodynamic compressor design whether it

is a conventional air-breathing compressor or a compressor design for an oxy-fuel application.
The approach was, therefore, to treat the design in a similar manner as the design of a con-
ventional compressor. Nevertheless, the different gas properties of the working medium and
specific design requirements for theOCC influenced the design trade-off and determined what
was achievable or not. Aerodynamically the conceptual compressor design can be divided into
three steps: the 1D mid-span design, the 2D through-flow and the 3D steady-state analysis.
The 1Dmid-span and 2D through-flow calculations rely mainly on correlations for predicting
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Table 4.1: Design boundaries and performance requirements for the compressor design

Parameter Unit Value

Temperature in/out [◦C] 63.5 438.5
Pressure in/out [bar] 1.013 31.42
Mass flow in/out [kg/s] 219.8 197.7/168.4
Bleed mass flows [kg/s] 8.35 13.85 29.3
Bleed flow pressure [bar] 8.5 16.9 31.4

the losses and flow deviations. These correlations are based on dimensionless numbers and are
kept simple to make them universal and with a short execution time. They have historically
been derived for conventional engines and are, thus, based upon experimental cascade tests,
test compressors and numerical analyses. For the compressor design for an oxy-fuel combined
cycle, this entailed a risk of errors when extrapolating these correlations into the CO2-rich
working medium. Therefore, the utility of these correlations was tested by numerically inves-
tigating the difference in the profile loss and the flow deviation between air and the CO2-rich
working medium for a compressor cascade. The profile loss and flow deviation were compared
with each other and with loss model correlations. The conclusions from this investigation was
that the correlations are considered reliable for using for design calculations with a CO2-rich
working medium (see publication IV [26]).
Now back to the aerodynamic compressor design process, which started with a 1D mid-

span calculation. The mid-span calculation set several typical compressor design parameters,
such as for example the stage count, stage loading (ψ), stage flow coefficient (φ), stage pressure
ratio (PR s t .) and the shape of the gas path.
When the 1Dmid-span design results had been determined, the next design step was to cre-

ate a 2Dmodel for the through-flow program. The through-flow program used was HT0300,
which originates from Hearsey [43]. This program has been further developed at Siemens to
include models for the losses and flow deviation that match the behaviour of our house-style
compressor blade geometries and a model for span-wise mixing of the entropy generated along
the endwalls. The 2D design was tuned until a flow field was attained throughout the compres-
sor that fulfilled the requirements established by the 1D design and that had an appropriate
radial distribution of the flow field and the stage parameters.
A strength with the 1D mid-span and 2D through-flow design- and analysis tools is the

simplicity of controlling them and their short execution time. This enables a wide range of
different designs to be investigated in a time-efficient manner. These two initial 1D and 2D
design phases were given a considerable emphasis to ensure that correct design choices were
made, so that the design satisfied both the intended compressor performance and the overall
design requirements of the gas turbine unit. That is because it becomes much harder and far
more time-consuming to change the design to any appreciable extent when the design has
continued into the 3D design phase, without first going back to the 1D and/or 2D design
tools again. The 1D and 2D design sets, beside for the design parameters stated above, also
the wall hade angles, radial distribution etc., and roughly some 80% of the final design is set
by the first 20% of the time that is spent in the 1D and 2D design phase.
The third design step was to generate the 3D blading, adapted for the 3D flow solverMultip,

to fine-tune the design and validate the results. Multip is a steady-state 3D flow solver that was
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originally developed by Denton at Cambridge University [30]. The program has been further
developed at Siemens to, for example, be able to utilize a variable specific heat at constant
pressure (cp), which is of great importance for an oxy-fuel compressor design.

4.3 Design parameters
The main purpose of the axial compressor is to compress the working medium in an efficient
and stable manner. The specific design to achieve this can differ quite significantly between
different compressor designs, depending on the application and design philosophy. However,
considering the broad overall picture, all compressor designs follow and fall within the same
fairly tight design space. This section describes the working principle of a compressor through
several design parameters, gives some guidance and presents the corresponding design param-
eters that were chosen for the oxy-fuel compressor. The fundamental flow physics and design
methods are only covered broadly, as this section is not intended to be comprehensive on the
design method. For further descriptions of the basic compressor design, the reader is referred
to public literature of educational textbooks dealing with this subject, for example Cumpsty
[21] and Wennerstrom [78]. Some basic understanding and guidelines concerning the aero-
dynamic compressor design that can be complementary were also given in the present author’s
licentiate thesis [22].
Before proceeding with describing some basic compressor design parameters it is appro-

priate to describe the nomenclature of a compressor cascade. A typical blade-to-blade cross
section of a row is shown in Figure 4.1.
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Figure 4.1: A blade-to-blade cross section
of a compressor row.

Unit Description

c [m] Chord
C2, W1 [m/s] Inlet flow
C3, W2 [m/s] Outlet flow
ca [m] Axial chord
o [m] Throat
s [m] Pitch
t [m] Maximum blade thickness
α2, β1 [◦C] Inlet flow angle
α3, β2 [◦C] Outlet flow angle
α′2, β

′
1 [◦C] Inlet metal angle

α′3, β
′
2 [◦C] Outlet metal angle

δ [◦C] Deviation angle
i [◦C] Incidence angle
θ [◦C] Camber angle
ζ [◦C] Stagger angle

Table 4.2: Compressor cascade
nomenclature

A compressor stage consists of two rows of airfoils, first a rotating rotor row followed by a
stationary stator row. The total stage work (∆ℎ0) is added in the rotor row, while the static
pressure rise occurs in both the rotor and stator row. The static pressure rise is achieved by
repeatedly in each row diffusing a part of the fluid’s velocity component (W1 orC2) (dynamic
pressure) into a static pressure rise. That is achieved by increasing the flow area, by turning the
flow axial. Turning the flow axial in one coordinate system (e.g. the relative coordinate system
for a rotor row) gets the fluid accelerated relative to the other coordinate system (e.g. the



44 Chapter 4. Compressor design

c ca

W1

W2

Wa,1

Wa,2

β1

β2

s

o

A1A1 = s · cos(β1)

A2

A2 = s · cos(β2)

Figure 4.2: Diffusion of a part of the dynamic pressure into a static pressure rise, by turning
the relative velocity (W1) towards the axial direction and increase the flow area.

stationary coordinate system for a stator row) which enables the diffusion process to proceed
continually in the subsequent row and stages. The flow turning from β1 to β2 is illustrated
in Figure 4.2 for a rotor row in the relative coordinate system.

4.3.1 Dimensionless stage parameters and stage characteristic

It is common practice to establish some dimensionless stage parameters to describe the process,
repeated in each row, in which a part of the dynamic pressure is diffused into a static pressure.
These parameters describe the velocity triangles in each stage as dimensionless and enable the
stage performance to be calculated. The main parameters are the stage load (ψ), flow coef-
ficient (φ) and stage reaction (Λ).
The degree of reaction in a stage is the ratio between the static enthalpy- or pressure in-

crease in the rotor row and the total increase across the stage (Equation 4.1 and 4.2), hence it
expresses the ratio of the flow diffusion between the rotor and stator. A low reaction means
that the majority of the static pressure rise occurs in the stator row and the reverse for a high
stage reaction. The stage load and flow coefficient are the most common design parameters,
and these two parameters were mainly used to control the design. The degree of reaction was
more the result of the design with respect to other design parameters, hence it was not used
to control the design to any significant extent. The reaction was indeed supervised to ensure
a positive static pressure rise over the entire span of the airfoil in each row.

Enthalpy-based stage reaction
(
Λℎ

)
Λℎ =

(
ℎ2,s − ℎ1,s

ℎ3,s − ℎ1,s

)
(4.1)
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Pressure-based stage reaction
(
Λp

)
Λp =

(
p2,s − p1,s

p3,s − p1,s

)
(4.2)

The specific work input in a stage is the blade velocity (U ) times the change in the tangential
swirl component (∆Cθ ) according to Euler’s equation (Equation 4.3) [78].

∆ℎ0 =

∫
cp (T ) · dT = U2 ·Wθ2 −U1 ·Wθ1 (4.3)

The stage load expresses the dimensionless work input normalized with the blade velocity
square and can be expressed by Equation 4.4 if the blade speed U1 and U2 is constant, i.e.
neglecting the radial change of the flow stream across the blade. The total stage pressure ratio
is then given by Equation 4.5, where ηs is the isentropic efficiency.

Stage load (ψ)

ψ =
∆ℎ0
U 2 =

Wθ2 −Wθ1
U

(4.4)

Stage pressure ratio (PR s t .)

PR =
p03

p01
=

[
1 + ηs ·

∆T0 s t .

T01

] *
,

γ

γ − 1
+
- (4.5)

The ratio between the axial velocity (Ca) and the blade speed (U ) is frequently used and
defined as the dimensionless flow coefficient (φ) (Equation 4.6).

Flow coefficient (φ)

φ =
Ca

U
(4.6)

It is justifiable to assume that the outlet flow angles (β2, α1) from each row are virtually
stable for a compressor stage that operates in its stable operation range, where the stage pressure
ratio is well below its surge margin (SM). That is because the boundary layers are attached to
the airfoil within this operation range and therefore the flow deviation (δ) on the outlet flow
angles (β2, α1) is in principle constant. The stage load can then be expressed by Equation 4.7,
which describes the relation between the stage load (ψ) and flow coefficient (φ) for different
flow angles (β2, α1) [21]. Equation 4.7 is a linear equation where [tan (α1) − tan( β2 )]
determines the slope of the relations between the stage load and the flow coefficient.

ψ = 1 − φ [tan (α1) − tan( β2 )] (4.7)

An open stage design with a relatively high axial flow, hence low blade stagger and small
flow angles (α1, | β2 |), is herein referred to as a “high-flow stage” (Figure 4.3b).
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Figure 4.3: Theoretical stage characteristics for a low- and a high-flow stage.

The reverse is true for a closed stage design with larger flow angles (α1, | β2 |) and higher
blade stagger, which is herein refereed to as a “low-flow stage” (Figure 4.3a). A low-flow stage
design has a steeper stage characteristic with a stronger stage load response to fluctuations
in the flow coefficient. This more rapid stage load response has a stabilizing effect on the
compressor stage matching.
A high-flow stage can (theoretically) produce a higher stage work than a low-flow stage,

which is an advantage as it reduces the stage count and is thereby a drive towards high-flow
stage designs. A (theoretical) drawback with high-flow stage designs is that they tend to have
somewhat lower efficiency at the design point. The reason for this is that all stages must be
designed with a certain pressure ratio stall margin (PRSM ) at the design point. If the stall
margin is to be constant in both a high- and low-flow stage design, then the flow coefficient
at the design point has to be increased more in a high-flow stage design than in a low-flow
stage design, relative to the respective stage’s stall limit. That is because of the flatter stage
characteristic in a high-flow stage than in a low-flow stage design. This means that the dif-
ference between the ideal stage load (ψide al ) and the real stage load (ψ) is larger in a high-flow
stage, which increases the efficiency loss (∆ηlos s ), as illustrated in Figure 4.3.
The reasoning above is around one specific radial span height (e.g. mid-span). When

considering the full blade span, it turns out that the design space for the flow coefficient at
the mid-span is quite limited. That is because of the three-dimensional nature of the flow and
the large variation in blade speed (U ) across the blade span. Satisfying the radial equilibrium,
with an uniform work input across the span height, implies that the rotor hub section will
have a high flow turning while the rotor tip section will have an almost flat blade profile. The
large variation of the flow field (i.e. blade profile) over the span height is illustrated by the dif-
ference in the 2D blade-to-blade blade profiles for Rotor 1 at the hub-, mid-, and tip section
in Figure 4.4a. It can be seen that the hub section has a low stagger and a quite large camber
with an almost axial outlet angle, while the tip section has a higher stagger with a low camber.
It can also be seen that the front of the tip section has a very flat profile initially, with its small
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Figure 4.4: Compressor rotor 1.

camber towards the back. The reason for the straight profile at the front and the late camber
is because of the shock wave that is situated in the front. The blade profile at the mid section
is somewhere between the two.
The design space for the flow coefficient at the mid-section is therefore generally limited to

about 0.45-0.70. Some recommended ranges for the flow coefficient given in literature are
0.50-0.70 [31], 0.3-0.9 [36], 0.5-0.75 [77] and around 0.5 [21] and for the mid-span stage
load (ψ) to be 0.2-0.5 (typically 0.35) [36], 0.25-0.5 [77] and 0.3-0.5 [31].
The mid-span flow coefficients and the stage load for the OCC’s compressor design are seen

in Figure 4.5.

4.4 Design philosophy
The key to all successful compressor design is achieving a sound balance between the many design
parameters. That is no less true for the oxy-fuel compressor design, with its relatively high pressure
ratio, large volume flow ratio and low speed of sound. The following section discusses and explain
the motives for some of the design choices that were made for the oxy-fuel compressor.

The shaft speed of the entire gas generator is to a large extent determined by the velocity
triangles in the compressor’s front stage. The interaction between the geometrical hub-to-
tip ratio, axial Mach number, relative tip Mach number, shaft speed and stage work had,
therefore, to be considered together. For the certain compressor inlet mass flow, set by the
cycle design, the compressor design was striving toward a high shaft speed, while still avoiding
a too high relative rotor tipMach number (M aw,t ip) or a too high axial Mach number (M aa).
These design parameters are all interlinked with each other and a change in one influence in
general the choice of several other parameters through either forcing or enabling the other to be
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changed too. No complete conclusions can therefore be derived by considering the parameters
separately, but let’s nevertheless investigate the trend of how a variation of one parameter af-
fects the design. That aim to attain a fundamental understanding of who each individual
design parameter affect the overall compressor design, if the other design parameters are kept
constant, as far as possible.
The hub-to-tip ratio (rℎub/rt ip) describes the radius ratio between the blade hub and blade

tip. For a constant shaft speed, mass flow and axial Mach number, hence constant inlet area,
the following occurs. Increasing the hub-to-tip ratio correspond to shifting the gas path to-
wards a larger mean diameter and a reduced effective gas path height, i.e. shorter blades
situated at a larger compressor diameter. For a constant shaft speed, this increases the average
blade speed (U ) and for a constant IGV swirl it also increases the relative tip Mach number.
For the reverse the opposite is true, videlicet that a reduced radius ratio (rℎub/rt ip) results
in a smaller overall compressor diameter with longer blades and lower blade velocities. For a
certain stage load (ψ), this results in a reduced stage pressure ratio.
The axial inlet Mach number (M aa) affect the axial inlet flow path area and by increasing

the axial Mach number is the axial gas path area and the compressor’s mean diameter reduced.
Increasing the axial Mach number also increases the stage work potential (i.e. high-flow stage)
and, therefore, a fairly high axial Mach number is preferable. Increasing the axial Mach num-
ber too much risk, however, to choke the compressor at off-design operation. Too high axial
Mach number also limits the potential for future upgrading of the compressor mass flow. It
is recommended to keep the axial inlet Mach number M aa below 0.65-0.70 in the front
stage, at the design point. In literature, some recommended ranges for the axial Mach num-
ber throughout the compressor are 0.3-0.6 (typical 0.5) [36] and 0.4-0.6 [77]. These figures
relate more to the stages in the compressor, and axial Mach number can be both higher in the
front stage(s) and lower in the rear stage(s).
In reality, all modern axial compressors are designed to have the first stages transonic to

increase the stage pressure ratio and enable a higher shaft speed. The relative tipMach number
(M aw,t ip) can, to some extent, be, and is generally too, controlled by applying a current
rotating swirl at the tip by an inlet guide vane (IGV) in front of rotor 1 and by variable guide
vanes (VGV) in the following front stages.
TheOCC compressor inlet was designed with a hub-to-tip ratio of 0.54, an axial inletMach

number of 0.63 and a relative inlet tip Mach number of 1.29 and 1.11 for the first two rotor
rows, while the third rotor was just below 1.00. In literature it is commonly recommended
to keep the hub-to-tip ratio above 0.65 [77] and the relative tip Mach number below 1.3-1.4
[77, 36]. The total inlet flow area to rotor 1 is 1.07m2 with an r.m.s. blade speed of 325m/s.
Considering the same design parameters at the compressor outlet resulted in a trade-off

between keeping up the blade speed by increasing the mean radius and avoiding too short
blade heights (i.e. avoiding too high hub-to-tip ratios). The axial Mach number was reduced
in the rear stages to increase the axial flow area and, thereby, enable longer blades and a reduced
hub-to-tip ratio. Reducing the axial Mach number also has a positive effect on the pressure
loss in the compressor diffuser, but it should not be reduced too far as it also reduces the stage
work capacity and the surge margin of the stage. For the OCC compressor design an axial
outlet Mach number of 0.27 was used, despite this the hub-to-tip ratio was as high as 0.91,
which corresponds to a stator height of 36mm. In literature it is commonly recommended
to keep the hub-to-tip ratio below 0.92 at the outlet [77], and the exit Mach number below
0.35 (ideally <0.25) [77]. Concerning the mechanical stresses in the discs, also the blade
rim and tip speed were recommended to be kept below 500m/s at the blade tip and 350-



4.4. Design philosophy 49

380m/s at the blade hub (i.e disc rim) for titan discs. For nickel alloy discs, with titan blades it
were recommended to stay below 400m/s and 350-380m/s at the blade tip, respective blade
hub [77, 36, 21]. The compressor design and the chosen design parameters were verified
through comparing the flow field at the compressor inlet by dimensionless parameters. By
comparing these dimensionless parameters an improved understanding of the complexity and
design challenges was obtained. The method was to compare the mass flow that a scaled
compressor design would get if scaled to 3000 rpm (m3000r pm) while keeping the inlet velocity
triangle constant to the design. A parameters for the 3000 rpm mass flow can be derived, as
in Equation 4.8, by combining the dimensionless speed with the dimensionless mass flow
[23]. The corresponding 3000 rpm mass flow for the OCC compressor, corrected to standard
air and ISO conditions, is 951 kg/s. This high figure reflects a high but feasible technical
challenge with today’s state-of-the-art technology. As a comparison such high 3000 rpm mass
flows are commonly only seen for large conventional gas turbines (i.e. SGT6-8000H with
921 kg/s, Fr 7HA-02 with 995 kg/s) while medium-sized gas turbines with a power of less
then 150MW generally have a 3000 rpm mass flow below 700 kg/s, derived from data from
Gas Turbine World [2].

m3000 = mDes · *
,

NDes
NRe f

+
-

2

·
pRe f
pDes

·

(
γRe f

γDes

) 3
2
·

√
TRe f · RRe f

TDes · RDes
(4.8)

The stage load (ψ) and flow coefficient (φ) were determined in the 1D mid-span design
and the common design range are 0.3-0.45 for the stage load and 0.45-0.70 for the flow coef-
ficient. The oxy-fuel compressor was designed within these ranges, as shown in Figure 4.5. The
first two stages are transonic and were designed with higher stage loads (0.386/0.354) than
the subsequent stages to allow for a reduced stage load in the subsequent stages. The design
philosophy was to have the intermediate stages modestly loaded with a small and smooth
decline trend of the stage load (from 0.349 to 0.335) and then unload the last three stages
more steeply. The idea behind this is that the intermediate stages, which are less affected by
off-design operation, can be designed for a higher stage load and/or more efficiently, as their
required operation envelope is smaller. The last rear stages are those that are most affected by
a rising total compressor pressure ratio and therefore tend to stall first and needs, thus, to have
a wider operating range. Remember also that the axial Mach number in the last stage was
reduced down to 0.27, in favour of an increased blade height, which has a negative effect on
the surge margin. The stage loads of the last three stages were therefore reduced (0.328-0.308)
to compensate for this through improving their surge margin and the operation envelope of
the entire compressor.
The flow coefficient decreases from the inlet value of 0.61 in stage two down to the exit value

of about 0.53. The first stage has a slightly lower flow coefficient (0.58) and two temporary
reductions are also seen after stages 7 and 11 because of the compressor bleeds.
There is a strong incentive to increase the stage work to reduce the stage count, cost and

weight of the compressor. Fundamentally the main physical limit for increasing the stage work
is that the flow brakes down when the stage load increases too far and the diffusion gets too
severe, which results in boundary layer separation. The stability of the boundary layer is af-
fected by several parameters, which to a certain extent can be influenced by the design choices.
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Figure 4.5: Stage parameters: the stage load (ψ) and the flow coefficient (φ), at the mid-span
section.

A key ability in the 1D and 2D design is predicting the diffusion limit to avoid separation. The
deHaller coefficient [28], the Diffusion factor (DF) [51] and the Equivalent diffusion factor
[51] are all example of traditional parameter for correlating the diffusion limit. They tend to
be of different detail levels and correlate against somewhat different flow physics, but basically
they are all approximate correlations. These parameters were more profound discussed in the
present author’s licentiate thesis [22].
The total stage work can be expressed by Equation 4.11 through combining Euler’s equation

(Equation 4.3) with the diffusion factor (Equation 4.10). This equation shows that the the
work capacity is direct proportional to the solidity (σ), the blade speed, the relative inlet
velocity, the diffusion factor and the deHaller coefficient.

deHaller coefficient

deHaller coefficient =
W2
W1

or
C2
C3

(4.9)

Diffusion Factor

DF = 1 −W2
W1
+

∆Wθ

2 · σ ·W1
(4.10)

Stage work

∆ℎ0 = 2 · σ ·U ·W1 ·

(
DF − 1 +W2

W1

)
(4.11)
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The deHaller coefficient relates the velocity ratio between the inlet and the outlet of a row,
without considering any geometrical parameters, such as blade curvature or solidity. That
makes the correlation insensitive to variations in the airfoil design, but the deHaller coef-
ficient is simple and, therefore, appropriate for the initial design. The deHaller coefficients
for the OCC’s compressor can be seen in Figure 4.6 for the mid-span of the rotor and stator
rows, respectively. The traditional recommendation is to keep the velocity ratio above 0.70-
0.72i, which corresponds to diffusing about 0.51-0.44% of the dynamic pressure (incoming
velocity) into a static pressure.
Figure 4.6 shows that the velocity ratio in the first rotor was 0.68, which is slightly outside

the recommended range and might appear inappropriate, but it is not considered an issue.
Firstly, a large amount of the pressure rise in the first rotor is achieved by a shock wave. The
deHaller coefficient was derived for subsonic airfoils, and not transonic designs, and therefore
the pressure rise from the shock wave is not accounted for. Secondly, the deHaller coefficient
was derived assuming well-designed blade profiles, but still of a somewhat dated blade style.
For a modern controlled diffusion airfoil the limit of 0.70 can certainly be slightly undercut.
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Figure 4.6: Total stage pressure ratio (PR s t .) and the deHaller coefficient for the rotors and
stators, at the mid-span section.

The hub section is the part of the airfoil span that is most prone to stalling because of the
lower blade velocity, relative to the rest of the span. The design philosophy used to improve
the flow field at the hub sections, hence surge margin, was to increase the axial flow velocity
(Ca) towards the hub section by opening up the stator hub section axial (α3). This was mainly
applied to the front stages, which, because of their length, have a larger span vice variation
in the blade velocity. By increasing the axial velocity in the highly cambered hub section the
flow turning angles can be somewhat reduced for a certain stage work (a constant swirl), as
discussed in section 4.4. The span vice variation in the axial velocity field (Ca (r )) can be seen
in Figures 4.7 and 4.8.
ideHaller’s original recommendation was ≥ 0.75.
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Figure 4.7: Normalized axial velocity component out of the stator rows over the normalized
span height.
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Figure 4.8: Normalized axial velocity component out of the rotor rows over the normalized
span height.

Table 4.3: Design parameters for the compressor

Parameter Unit Value

Shaft speed [rpm] 5,700
Hub-to-tip ratio in/out [−] 0.54 0.91
Hub- and tip radius R1 in/EGVout [m] 0.355/0.661 0.380/0.416
Axial Mach number in/out [−] 0.63 0.27
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The compressor design was evaluated by plotting the stage load (ψ), the flow coefficient
(φ), the deHaller coefficient and the throttle number (τ) ( ψ

φ2 ) as seen in Figure 4.9. The
throttle number is the ratio between the stage load and the square of the flow coefficient
(Equation 4.12), defined as the inverse of Traupel’s “Drosselzahl” ( φ

2

ψ ) [74]. The throttle
number can be interpreted as the slope of the stage characteristic (stage work relative to the
flow coefficient) for the compressor stage and is a complement to the discussion about the
stage characteristic in section 4.3.1 and Equation 4.7. A high throttle number means that the
stage load (ψ) is high relative to the flow coefficient (φ). That implies a low-flow stage with a
steeper derivative of the work characteristic, compared to a stage with a lower throttle number
(a high-flow stage). Most conventional compressor stages tend to fall within a quite limited
design space regarding stage load, flow coefficient and with a throttle number of around unity,
as indicated by the shaded box in Figure 4.9. It turned out that the compressor stages for
the oxy-fuel compressor also falls within this design space, as indicated by the crosses that
represents the oxy-fuel compressor stage in Figure 4.9.
The lines of constant deHaller coefficients in Figure 4.9 are derived assuming a repeated

stage design with constant axial velocity and a degree of reaction of 0.60 according to Equa-
tion 4.13, as proposed by Aungier [9]. This assumption is obviously not fully met by the
actual OCC’s compressor design, which for example, has a varying axial velocity, flow angles
and degree of reaction throughout the stages. The degree of reaction for the stages at the hub-,
mid, and tip section is shown in Figure 4.10. Accordingly the design do not coincides fully
with the indicated lines of constant deHaller coefficients, but these are not that far off and
give a good indication of the design.

Throttle number =
ψ

φ2 (4.12)

W2
W1
=

√
φ2 + (ψ/2 − Λℎ )2

φ2 + (ψ/2 + Λℎ )2 (4.13)
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Figure 4.9: Rotor loading for the compressor at the mid-span. (The indicated lines of constant
deHaller coefficients assumes a repeated stage design with constant axial velocity and a
stage reaction of 0.60.)
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5 Turbine design
This chapter describes the design process for the turbines, discusses some general design parameters
and presents the final turbine design.

The subject was discussed in the following publications:
Publication IV: The Influence from the Working Medium on the Profile Loss in Compressor and
Turbine Airfoils, GT2014-25069 [26]
PupblicationVI:Aerodynamic Turbine Design for anOxy-fuel Combined Cycle, GT2016-56439
[24]

5.1 Scope of the turbine design
Designing conventional turbines is a well-established engineering art, but just as for the com-
pressor design, the information on how to conduct a turbine design for application in an
oxy-fuel gas turbine unit is sparse in the public domain. Therefore, a subset of this thesis
aimed at investigating and carry out an aerodynamic design of the turbines for the oxy-fuel
gas turbine unit. The intention was to investigate whether the turbine design for an oxy-
fuel gas turbine unit, operating with a CO2-rich working medium, is feasible with today’s
state-of-the-art technology and through using conventional design methods. The conceptual
aerodynamic design was carried out through a typical conceptual design loop, which included
the 1D mid-span, 2D through-flow and 3D steady-state design and analysis calculations. The
design covered both the compressor turbine and the power turbine. Analogously to the com-
pressor, the 1D mid-span and 2D through-flow tools rely on correlations for predicting the
aerodynamic losses and the flow deviation. These correlations were derived for conventional
turbines, as pointed out in the previous Chapter 4, section 4.2. The utilization of these con-
ventional air-based correlation models for the oxy-fuel turbine design raised, therefore, the
question of whether they could still be used or not. Their applicability for turbines, operating
with the CO2-rich working medium present in an oxy-fuel turbine, was investigated in pub-
lication IV [26], where it was concluded that they could be used for the design of (at least)
lightly- to modestly loaded airfoils. The reason for the caution for more heavily loaded airfoils
is uncertainty over the limit of the boundary layer separation, a limit that was not specifically
investigated in publication IV [26].
The previous design work performed through the cycle simulation, the broad overall gas

turbine unit design and the compressor design formed the basis of specifying the boundary
conditions and the design criteria to be met by the compressor turbine and power turbine.
The main design criteria are summarized in Table 5.1 and 5.2. The gas state between the
two turbines was determined through an iterative process and is, strictly speaking, neither
boundary conditions nor a design criteria.
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Table 5.1: Boundary condition and design criteria for the compressor turbine

Parameter Unit Value

Shaft power [MW] 86.5
Temperature in/out [◦C] 1,340 930
Pressure in/out [bar] 31.1 7.2
Mass flow in/out [kg/s] 193.1 236.1
Cooling flow [kg/s] 43.0
Shaft speed [rpm] 5,700

Table 5.2: Boundary condition and design criteria for the power turbine

Parameter Unit Value

Temperature in/out [◦C] 930 612
Pressure in/out [bar] 7.2 1.11
Mass flow in/out [kg/s] 236.2 244.4
Cooling flow [kg/s] 8.2
Shaft speed [rpm] 3,000

5.2 Turbine design process
Theconceptual aerodynamic turbine design phase, following after the broad overall gas turbine
unit’s design parameters were specified, can virtually be divided into a number of sub-steps.
The main steps are the 1D mid-span design, the 2D through-flow design, the 2D blade-to-
blade profiling, the stacking of the airfoils and the 3D steady-state analysis. The mechanical
integrity of the turbines’ discs’, blade’s foot attachment and the blades was also considered
briefly through 1D steady-state calculations. This was to reduce the risk that the conceptual
aerodynamic design had an unrealistic mechanical design, which could not be fulfilled without
redesigning the aerodynamics.
The 1D mid-span design was the first step in the turbines design process. This design

determined essentially all the typical broad design parameters, such as, for example, the stage
count, the blade solidity, the stage loading, the flow coefficient, the stage reaction, the stage
pressure ratio, the total turbine pressure ratio and the basic geometrical shape of the turbines’
gas path. The 1D design is essential for the achievable performance of the final turbine design,
hence its success. The 1D design was, therefore, given a considerable emphasis to ensure that
the design satisfied the requirements. For the mid-span design of the turbines Siemens in-
house programs Mac II was used for the design and Mac I for the analysis, which are both
included in the turbine design’s shell program T-Design.
The 1D design also provided additional data regarding the turbine geometry and the gas

state throughout the turbines. This enabled the turbine cooling prediction from the process
simulation, described in section 2.3.2, to be revised more accurately.
The proceeding design step was to carry out the 2D through-flow design to obtain a radial

span-wise variation of the flow field that met the intended 1D design. Special attention was
given to the flow field near the end-walls to ensure positive hub reactions (i.e. an accelerating
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flow) and to avoid too high exit Mach numbers at any span height of the airfoils. Blade
stacking design features, such as, twisting, leaning, sweeping and end-wall profiling can be
used too to improve the reaction, the losses and the exit Mach number, particularly in the
hub- and tip sections. The blade stacking and end-wall profiling generate these beneficial
effects through altering the radial pressure gradient by creating a favourable radial flow-field
curvature. Stacking strategies can also be used to unload the end-walls and, thereby, reduce
the end-wall losses. The fundamental effects from various stacking strategies were discussed
by Havakechian and Denton [41, 42].
Inverse twisting was applied to the stator vanes, through opening up the stator outlet flow

angle (α2) more axially towards the tip section. The benefit of opening up the stator tip
is that it creates a more uniform radial variation of the relative inlet flow angle (β2(r )) to
the succeeding rotor. This results in the rotor blade getting less twisted over its span height.
Inverse twisting also allows for a higher flow acceleration in the rotor tip section, which has the
positive effect of increasing the blade turning at the rotor tip section. Avoiding highly twisted
blades is especially important for cooled blades, as it enhances the casting of the blade’s cooling
system. For the 2D through-flow design the in-house program Beta2d was used for the design
and for the 2D analysis Beta2a was used. These two through-flow programs are also included
in the turbine design’s shell program T-Design. The stacking strategy was applied in the 2D
design, but because of its largely 3D nature, its effect was captured first in the 3D analysis.
The 3D flow solver Multall was used to fine-tune the design and validate the results. Mul-

tall is a steady-state 3D flow solver that was originally developed by Denton at Whittle Lab
in Cambridge [29]. The program version used for this study has been further developed at
Siemens and particularly important for this study of an OCC was the adaptation to enable
utilization of a variable specific heat (cp).
The 3D airfoils (stator and rotor) were generated by stacking several 2D blade profile cross-

sections above each other. Three to five 2D blade-to-blade cross-sections were used to form
each airfoil, by interpolating the blade profile geometry in between these sections (Figure 5.1,
5.4). That is, for most cases, a sufficient number of cross-sections for the conceptual design.
The final design of the airfoils will, however, benefit from a denser radial cross-section profiling
to enable a more precise shape, not least for more novel 3D-shaped blades. The profiling of
these 2D cross-sections was done with the 2D profiling and 3D stacking tool Cato, which is
a Siemens in-house program too. The 2D blade profiles were designed with Bézier curves to
allow for a smooth curvature and analysed two-dimensionally with a MISES flow solver [33].
The boundary conditions for the MISES analysis of each cross-section were obtained from
the 2D through-flow analysis. The airfoils were designed to have a light- to modest blade
loading with a Mach number distribution (e.g. front-, mid-, aft-loaded) that is consistent
with traditional turbine designs. A significant emphasis was devoted to obtaining a smooth,
positive and continuous blade curvature on the suction side. The mid-span cross-section and
the blade curvature of rotor 2 in the compressor turbine and rotor 3 in the power turbines
can be seen in Figure 5.2 and 5.5. In Figure 5.3 and 5.6 the mid-span cross-sections and the
aft-loaded velocity profiles for the same two blades can be seen.
In general, the 3D design do not improve the turbine design substantially (especially not

during the concept phase), but it risks to degrading the performance if not carried out care-
fully. The 3D calculations are instead mainly used to analyse the flow field to verify the design
against the predictions from the correlation-based 1D and 2D tools. Minor design improve-
ments can nevertheless be achieved by fine-tuning the blade design in the 3D design. Per-
formance improvements from the 3D effects that airfoil stacking features such as twisting,
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Figure 5.1: Rotor 2 in the compressor turbine.
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Figure 5.2: Mid-span cross-section and blade curvature for rotor 2, in the compressor turbine.
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Figure 5.3: Mid-span cross-section and Mach number for rotor 2, in the compressor turbine.
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Figure 5.4: Rotor 3 in the power turbine.
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Figure 5.5: Mid-span cross-section and blade curvature.
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Figure 5.6: Mid-span cross-section and Mach number.



5.2. Turbine design process 61

leaning, sweeping and end-wall profiling have on the flow field are also more accurately cap-
tured in the 3D analysis, than in the 1D and 2D design and analysis tool previously used.

Turbine intermediate duct:

This section discusses the matching between the consumed compressor work and the provided com-
pressor turbine work, and the effects it has on the temperature between the compressor turbine and
power turbine. This temperature is important as it influences the design decision of whether to
design with or without any considerable turbine intermediate duct.

When designing a twin-shaft gas turbine unit, the temperature of the working medium out
of the compressor turbine (CT) and into the power turbine (PT) is a crucial parameter that
needs to be considered carefully. The reason for this is that the temperature of the working
medium tends to exceed the temperature limit for conventional uncooled PT material (for
an acceptable lifetime). The tendency to exceed the temperature limit is indeed present with
today’s drive towards both increasingly higher combustion outlet temperatures (COT) and
higher exhaust gas temperature (EGT) into the HRSG. Exceeding this temperature limit re-
sults in some stage(s) in the PT needing to be cooled. This complicates the design of the PT
and the design of the secondary-air-system (SAS), which then needs to feed a second turbine
with a cooling medium. For a certain COT and cooling technology this is, however, inevitably
something that the turbine design has to cope with.
Another consequence that an elevated temperature after the CT has, is that any turbine in-

termediate duct (TID) between the CT and PT would also need to be cooled. This increases
the cooling medium consumption and decreases the total gas turbine efficiency. Future en-
gine upgrades through increasing the COT will also be aggravated by a cooled TID. A TID
is, however, a design choice and not an inevitable must. The need for a TID can be avoided
by designing the CT and PT with similar diameter, hence allowing them to fit each other
geometrically and, thereby, keeping the TID small or preferably completely avoided. The
problem with an elevated gas temperature after the CT stated above is an issue for both con-
ventional twin-shaft gas turbine units and the oxy-fuel gas turbine design, but the tendency
with an elevated temperature is more severe for the oxy-fuel gas turbine design. The reason
for this is mainly the considerably larger variation in specific heat with respect to temperature
(cp (T )) for the CO2-rich working medium than for the flue gas in a conventional gas turbine
unit. The variation in specific heat is shown in Figure 2.3 in section 2.2 for air and CO2. In
that figure it can be seen that in the temperature range from 600 ◦C to 1,400 ◦C, where the
turbines operate, the specific heat for CO2 is about 7-10% higher than for air. This results,
for a certain specific turbine work, in the temperature reduction being less in the CT in an
oxy-fuel gas turbine then in a conventional gas turbine unit. In the lower temperature range
from about 0 ◦C to 500 ◦C where the compressor operates the ratio between the specific heat
of the two gases is different to that in the high-temperature region. At this temperature range
the difference in specific heat between the two gases is less, and in the lowest temperature span
from 0 ◦C to about 260 ◦C (depending on the pressure) the specific heat for CO2 is less than
for air. Above this temperature of about 260 ◦C the specific heat for CO2 is higher than that
for air, and the two curves diverge from each other.
It has previously been shown that the temperature rise in the oxy-fuel compressor is about

375 ◦C (from 63 ◦C to 438 ◦C) for a pressure ratio of 31.0. The temperature rise in a conven-
tional gas turbine compressor, designed for a combined cycle, is typically about 420-430 ◦C
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(e.g. from 15 ◦C to 435-445 ◦C) for a typical pressure ratio of 20-21. The temperature rise
in the oxy-fuel compressor is, hence, less than in a conventional gas turbine compressor. The
combined effect of both the temperature rise being less and the working medium having a
lower average specific heat results in the specific compressor work being less in the oxy-fuel
compressor than in a conventional gas turbine compressor. The lower compressor work and
the higher specific turbine work, for a certain temperature reduction in the oxy-fuel gas tur-
bine, results in turn in the temperature after the CT being higher in the oxy-fuel gas turbine,
than the temperature in a conventional gas turbine unit, for the same COT and EGT. This
effect is enhanced slightly further by the external feed stream of oxygen that is compressed
externally and does not increase the gas turbine unit’s compressor work, but contributes to
the work output in the CT.
The total effect from these contributions is that the temperature after the CT in an oxy-fuel

gas turbine is elevated by about 25-55 ◦C compared to a conventional gas turbine unit for the
same COT and EGT.The magnitude of the temperature difference depends on several design
parameters, such as the COT, gas turbine unit’s PR, component efficiencies, SAS consumption
and the steam content in the OCC’s working medium. The trend is that the temperature dif-
ference between an oxy-fuel gas turbine and a conventional gas turbine unit declines with
rising COT (1,000-1,500 ◦C). That is because, if the COT is increased, it also calls for a
higher PR to keep the EGT into the HRSG constant at a temperature suitable for the steam
cycle. Increasing the PRmeans that the difference in the specific compressor work between the
oxy-fuel and a conventional gas turbine unit decreases, as the specific heat for CO2 is higher
than that for air above 260 ◦C. The temperature level after the CT is, therefore, important
to consider for the oxy-fuel gas turbine design as it tends to be higher than in a comparable
conventional gas turbine unit.
The process simulations of the overall oxy-fuel combined cycle showed that the gas tem-

perature after the CT was about 930 ◦C at the design point. This temperature is above the
acceptable metal temperature of traditional PT blade material and implied that the first PT
stage needs to be cooled. It also implies that any TID would need to be cooled, which, as
stated above, results in a performance penalty and impedes further engine upgrades by in-
creasing the COT. A turbine design aimed at minimizing, or completely avoiding the TID
was therefore investigated.
Designing the turbines (i.e CT and PT) to fit each other geometrically to avoid a TID was

a trade-off between suitable blade speeds in both turbines, a proper exhaust flow area from
the PT and avoiding severe hade angles along the end-walls. The shaft speed of the CT was
set by the compressor design, as it is the first stage in the compressor that is most sensitive
to the matching of the flow field and compressor geometry. This design trade-off between
the compressor geometry and shaft speed was discussed in section 4.4 and publicationV [23].
The final design choice was a gas generator shaft speed of 5,700 rpm at the design point. The
maximum acceptable blade speed sets virtually an upper limit to the mean blade diameter of
the CT. The CT inlet can neither be allocated at too large a diameter as the blade height then
tend to be too short for an adequate aerodynamic design (i.e. low hub-to-tip ratio).
The PT generator was determined to be direct driven, which for a two-pole 50Hz generator

determines that the shaft speed is 3,000 rpm and the corresponding figure for a two-pole
60Hz generator is 3,600 rpm. The aerodynamic design focused on the 3,000 rpm case, since
it is most challenging from an aerodynamic point of view. That is because if the aerodynamic
design is satisfied at 3,000 rpm then the aerodynamic design for 3,600 rpm is most likely to
be achieved by redesigning the airfoils.
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Positioning the turbines (CT and PT) at similar diameters, to keep the TID short, implied
a compromise for the PT design, as the blade speed in the PT inevitably becomes lower than
the aerodynamic optimum. This results in additional stages in the PT, if the stage load is to
be kept at the same level. This design trade-off was not obvious and an alternative design was
to increase the blade speed by positioning the PT at a larger diameter and, thereby, reduce the
required stage count down to three, from the present four-stages. A three-stage design would
result in a large cooled TID to accommodate the radial shift of the gas path and therefore the
three-stage PT design was rejected. Adding an extra PT stage, instead of a TID, is justified
by the fact that the duct would have to be cooled, whilst an additional PT stage (to a first
order) does not increases the total turbine cooling consumption. A possible approach might,
however, be to examine the possibility of using other more temperature resistant materials.
Another aspect is that a four-stage PT will have yet another disc gap to seal, but a second
order effect is that the disc rim for all stages will be situated at a smaller mean diameter, which
reduces the sealing medium consumption in each. A schematic view of the turbines and the
turbine intermediate duct can seen in Figure 5.7.

Figure 5.7: Schematic view of the turbines and the turbine intermediate duct.

Because more energy is available for the PT in the oxy-fuel gas turbine, as a result of the
lower specific compressor work, another outcome is that the OCC gas turbine has a higher
specific power, than a conventional gas turbine. The increase in specific power is dependent
on the same design parameters as discussed above, but as indicative figures the specific power
is increased by about 40% for a combustor outlet temperature of 1,000 ◦C and by about 20%
for a combustor outlet temperature of 1,500 ◦C. The specific power for the OCC’s gas turbine
is 410 kW/kg.
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In the initial concept phase of the OCC, performed in the process simulation tool, the
turbine cooling was predicted through a modified version of the common m-STAR model
(Equations 2.5, 2.6, 2.7 and 2.8) and the disc sealing consumption by a traditional correla-
tion (Equation 2.4), both described in section 2.3.2. These predictions were revised to better
reflect the design through still using the same equations, but based on the geometry and gas
temperatures from the turbines’ 1D mid-span design. When proceeding with the design from
the concept phase into the final turbine design this method has to be further refined through
more detailed heat transfer analyses and cooling schemes of the individual rows for a more
precise prediction. But for the concept phase, this method is considered to be a balanced
trade-off between accuracy and time consumption.

5.3 Design parameters
In the present author’s licentiate thesis the fundamental working principle of a turbine was discussed,
several basic turbine stage parameters described and some general recommendations given. This is
not repeated in this doctoral thesis, instead the reader is referred to the author’s licentiate thesis [22]
or other textbooks such as “Axial and Radial Turbines” by H Moustapha et.al. [54], for a more
fundamental and general understanding. This section is intended to merely repeat the parameter
definitions, provide the corresponding design values used for the OCC’s turbine design and when
appropriate comment on these too.

Before proceeding with the design parameters it is appropriate to repeat the geometrical
parameters of a turbine airfoil as shown in Figure 5.8 and Table 5.3 [22]. This figure illustrates
a rotor row, but it is analogous with a stator row with the exception that the indices 1 and 2
are used for the in- and outlet instead of 2 and 3. A typical flow field through a turbine stage
and its corresponding velocity triangles can be seen in Figure 5.9a and  5.9b [22].
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Figure 5.8: Flow- and geometrical parameters
in a turbine cascade.

Unit Parameter

c [m] Chord
ca [m] Axial chord
W1 [m/s] Inlet flow
W2 [m/s] Outlet flow
β [◦C] Flow angle
β ′ [◦C] Blade metal angle
ζ [◦C] Blade stagger
θ [◦C] Blade camber
θmean [◦C] Mean blade camber line
s [mm] Pitch
i [◦C] Incidence angle
δ [◦C] Deviation
o [mm] Throat

Table 5.3: Turbine nomenclature

It is common to express the axial velocity (Ca) as dimensionless by the flow coefficient (φ)
by dividing (Ca) by the blade velocity (U ) (Equation 5.1). In the same manner the stage work



5.3. Design parameters 65

W3

W2

C1

C2

C3

Cθ3 < 0

Cθ2 > 0

U3

U2

α1

α2

α3

β2

β3

(a) Flow field.

U

+-

W3 W2
C2

C3

Cθ3 < 0 Cθ2 > 0
U3

U2

(b) Velocity triangles.

Figure 5.9: Flow field and velocity triangles in a turbine row (reaction stage).

can be expressed as dimensionless by the stage load (ψ), by dividing the total enthalpy drop
(∆ℎ0) by the blade velocity square (U 2) (Equation 5.2). If the axial velocity (Ca) is constant
throughout the row and there is no radial shift of the streamline, the stage load can also be
expressed by the flow coefficient (φ) and the blade angles (β2, β3) (Equation 5.3), the same
way as in a compressor stage (Equation 4.7).
Some recommended figures for the stage load and flow coefficient in the literature is to

keep the flow coefficient within the range of 0.20-0.50 and the stage load within the range of
1.0-2.50 [31].

Flow coefficient (φ)

φ =
Ca

U
(5.1)

Stage load (ψ)

ψ =
∆ℎ0
U 2 =

U (Cθ2 −Cθ3)
U 2 (5.2)

ψ =
∆ℎ0
U 2 =

Ca [tan ( β2) − tan ( β3)]
U

= φ [tan ( β2) − tan ( β3)] (5.3)

When examining the turbine designs for the OCC it can be seen that the CT was designed
with the relatively conservative stage loads of 1.32 for stage 1 and 1.21 for stages 2 (Table 5.4).
One reason for this low stage work was the variation in specific heat of the working fluid and
the external feed stream of oxygen, which both result in a slightly lower compressor work than
for a conventional gas turbine, as discussed previously in section 5.2. An alternative design
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with a single-stage CT was also considered, but a single-stage design would require significant
compromises as both the stage load and blade velocity would have to be increased too far,
which would result in both too skewed velocity triangles and high blade- and disc stresses
[24]. A single-stage CT design was, therefore, not considered preferable over the chosen two-
stage design.
The stage loads for the four-staged PT were 1.52, 1.57, 1.44 and 1.08 for the respective

stages. The corresponding exit Mach number from the stator and rotor in the respective stages
were 0.59/0.65, 0.66/0.73, 0.73/0.80 and 0.75/0.76 as shown in Table 5.5. Both the stage
loads and exit Mach numbers are quite low and, if necessary, they could have been higher
without causing any problems. A stage load of about 1.7-1.9 and an exit Mach number of
around 0.90-0.95 are not expected to cause severe problems. A three-stage PT was therefore
also investigated, but there were some issues with a three-stage turbine design that made this
option unfavourable. Firstly, the stage load for the last stage in the PT cannot deviate signif-
icantly from 1.0-1.1 if the flow field is to remain uniform and axial into the diffuser, which
is crucial for a high diffuser recovery and, thereby, total performance. Hence, if the blade
velocity remains constant for the last stage (i.e. constant mean diameter), the stage work
(∆ℎ0) in the last stage is also virtually constant. That implies that to enable a three-stage PT
design the stage work currently done in the first three-stages must be extracted in just two-
stages. The stage loads for these two stages were then too high for a satisfying performance
level. A second alternative was to also increase the blade speed, by increasing the mean blade
diameter for all stages in the PT.This would require a large TID which, as discussed previously
in section 5.2, was not desirable. Under these conditions a three-stage PT design was therefore
not considered preferable over the chosen four-stage PT design [24].

Enthalpy-based stage reaction
(
Λℎ

)
Λℎ =

ℎ2,s − ℎ3,s

ℎ1,s − ℎ3,s
(5.4)

The degree of reaction of a turbine stage represents the ratio between the static enthalpy-
or static pressure drop in the rotor and the total drop across the entire stage and the enthalpy-
based reaction is defined by Equation 5.4. Themid-span reaction is normally around 0.5 [77],
as that gives an uniform distribution of the work between the stator and rotor in a stage. For
cooled stages, it can be beneficial to reduce the reaction slightly towards 0.4-0.45 to reduce
the relative gas temperature in the rotor, and values as low as 0.3 have been suggested [77]. It
is more important, however, to ensure that the reaction at the hub section remains positive all
the time because a negative hub reaction means a diffusive flow with a risk of flow separation.
It is recommended to keep the hub reaction above 0.2 [77]. The enthalpy-based reactions at
the hub- and tip section for the CT and PT are given in Table 5.4 and 5.5. It can be seen
that the hub reactions are well above 0.2 for all stages and that the lowest reaction is in the
last long PT stage, which has a hub reaction of 0.34 at the design. The r.m.s. blade speed (U)
is also seen in Table 5.4 and 5.5, typical recommended values are to keep the discs’ rim speed
below 400m/s in the CT and 350m/s in the PT [77].
The aerodynamic blade load for the airfoils (stator and rotor) can be assessed by the Zweifel

coefficient (Zw) [83] (Equation 5.5). The aerodynamic load depends on the stage load and the
axial solidity (σa), which expresses the ratio between the axial blade chord (ca) and its pitch
(s). The Zweifel coefficient is typically in the range of 0.8-1.1 [31], but it can be beneficial
to increase it slightly above unity to reduce the cooled airfoil area through a lower solidity.
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Table 5.4: Stage parameters for the compressor turbine

Parameter Unit Stage 1 Stage 2

Blade velocity [m/s] 394 411
Pressure ratio s-s/ t-t [−] 2.06/1.98 2.25/2.13
Stage loading (ψ) [−] 1.32 1.21
Flow coefficient (φ) [−] 0.38 0.41
Reaction hub/ tip (Λℎ) [−] 0.53/0.57 0.44/0.52
Absolute exit flow angle [°] - 11.2
Isentropic exit Mach number
Stator/ Rotor

[−] 0.74/0.87 0.85/0.87

Zweifel coefficient (Zw) [−] 0.52/0.65 0.67/0.61
Stator/ Rotor

Table 5.5: Stage parameters for the power turbine

Parameter Unit Stage 1 Stage 2 Stage 3 Stage 4

Blade velocity [m/s] 234 256 286 307
Pressure ratio s-s/t-t [−] 1.48/1.41 1.65/1.57 1.86/1.74 1.82/1.70
Stage loading (ψ) [−] 1.52 1.57 1.44 1.08
Flow coefficient (φ) [−] 0.59 0.52 0.53 0.56
Reaction hub/tip (Λℎ ) [−] 0.45/0.54 0.47/0.55 0.45/0.56 0.34/0.54
Absolute exit flow angle [◦C] - - - 4.9
Isentropic exit Mach number
Stator/Rotor

[−] 0.59/0.65 0.66/0.73 0.73/0.80 0.75/0.76

Zweifel coefficient (Zw) [−] 1.19/0.93 0.92/0.90 0.87/0.85 0.89/0.91
Stator/Rotor
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As can be seen in Table 5.4, the Zweifel coefficient for the compressor turbine is less than
what is traditionally recommended, which corresponds to a larger wet turbine area to cool.
The reason for this is the quite low stage work in combination with the fact that the solidity
cannot be reduced too low while maintaining a suitable number of airfoils and aspect ratio
(AR). The blade counts in the CT were 31, 61, 37 and 72, and the aspect ratio and solidity
can be seen in Figure 5.10. The Zweifel coefficients for the turbines are given in Table 5.4 and
5.5.

Zweifel coefficient (Zw)

Zw =
2 · s · ρout ·Va,out ·

(
Vθ,in −Vθ,out

)
ca · [1 + (Hin/Hout )] ·

(
p0,out − pout

)  , Note i (5.5)
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Figure 5.10: The solidity and the aspect ratio for the turbines.

The “true” solidity (σ = c/s) and the aspect ratio (AR = ℎ/s) are plotted in Figure 5.10
for each row in the CT and PT, respectively. The solidity is within a range from 1.0 to 1.55
for both turbines, which is within the range of conventional turbine designs. The aspect ratio
starts at about 0.8 in the first stator in the CT and increases up to about 4.2 for the last rotor
in the PT. That is also within the range to expect for a conventional turbine design.

iHin/Hout is the ratio between the stream tube height at the inlet and outlet.



6 Concluding remarks
The doctoral thesis and the six publications are summarized in this chapter along with the key
conclusions, which answer the objective questions.

The main objective of this doctoral thesis was to bring the oxy-fuel combined cycle to the
next technical readiness level by investigate and extend the research of its thermodynamic
cycle design and the conceptual aerodynamic design of the gas turbine unit’s turbomachinery.
The work has identified, analysed and proposed a thermodynamic cycle design of an OCC,
through carry out a process simulation. Based on the design requirements set by the cycle
design, was a suitable shaft configuration for the gas turbine unit proposed. The proposed gas
turbine unit was a single-shaft gas generator, with a free power turbine.
For this gas turbine unit, conceptual aerodynamic designs were carried out for the compres-

sor, the compressor turbine and the power turbine. The design loop covered the 1Dmid-span,
the 2D through-flow design and the 3D steady-state analysis of both the compressor and the
two turbines. It was concluded that the conceptual aerodynamic design loop for both com-
pressors and turbines can be performed with conventional design tools, if these are adapted
to the gas properties for the CO2-rich working medium. No major issues were identified
in either the process simulation of the OCC, or in any of the more detailed aerodynamic
compressor and turbine designs for the gas turbine unit.

6.1 The oxy-fuel combined cycle
A major difference in the cycle design of the OCC and its embedded gas turbine unit is the
call for a higher PR to achieve, for a certain COT, a suitable EGT into the HRSG. That is a
result of the different gas properties for the CO2-rich working medium in the OCC. Another
difference is that the design and performance of the steam cycle is improved by the different
variation in the specific heat of the CO2-rich working medium, than for a conventional flue
gas. That is because, compared to a conventional CCPP, there is more energy available at the
high temperatures in the HRSG and less at the low temperatures in the OCC, which enhances
the energy utilization and thereby reduces the need for additional steam pressure levels.

6.2 Compressor design for the gas turbine
The high pressure ratio required in the oxy-fuel combined cycle and the modest temperature
rise in the compressor is a challenge for the compressor design, as it results in a large variation
in the volume flow throughout the compressor. This large change in volume flow between
the compressor inlet and its outlet makes it more difficult to achieve a high pressure ratio in a
single-shaft compressor design. That is because the rear stages get a low blade speed as a result
of the need to maintain the blade height at a reasonable level for efficiency reasons, which

69
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forces the design of the rear stages towards a lower mean diameter than at the compressor
inlet. It was concluded that reducing the overall gas turbine unit’s pressure ratio below the
OCC’s efficiency optimum, to facilitate a single-shaft compressor design instead of a twin-
spool compressor design, was a sensible trade-off. After this reduction of the pressure ratio,
down to 31.0, it was shown that the aerodynamic compressor design was feasible to carry
out as a single-shaft compressor, and by using today’s state-of-the-art technology. The final
compressor design was a single-shaft 16-stage compressor, with a design mass flow of 219.8
kg/s, a shaft speed of 5,700 rpm and a pressure ratio of 31.0. The calculated performance
figures achieved a satisfying isentropic efficiency (ηs ) of 90.1%, a polytropic efficiency (ηp) of
92.8% and a surge margin of 25.5%.

6.3 Turbine design for the gas turbine
The aerodynamic turbine design and analyses made through the 1D mid-span, 2D through-
flow, and steady-state 3D analysis showed that the turbines design are feasible with today’s
state-of-the-art technology, by using conventional design methods while remaining within
our design expertise. Because of the different variation in the specific heat, with respect to
temperature for the CO2-rich working medium, the gas temperature after the CT is higher
in the oxy-fuel gas turbine unit, than in a conventional gas turbine unit with similar COT
and EGT. Because of this elevated gas temperature it is not desirable to have a TID, as the
duct would need to be cooled. The CT and PT were, therefore, designed to match each other
geometrically without any TID. The final design was a two-stage CT and a four-stage PT,
with a calculated isentropic total-to-total efficiency of 86.7% for the CT and 92.6% for the
PT.

6.4 Overall
The oxy-fuel combined cycle was calculated to have a overall net efficiency of 48.2%, which
includes the energy cost for the CO2 compression and the external O2 production. The
expected net efficiency for a commercial OCC is in the range of 47- 50%, which is some
7- 12% points less than for a conventional CCPP of similar size. The main additional ef-
ficiency penalty, compared to a conventional CCPP, originates from the O2 production in the
ASU. Therefore, this efficiency gap of 7- 12% can be reduced further if any of the more novel
and less energy-demanding ASU technologies make it to the market in the near future.
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7.1 Conceptual Design of a Mid-sized Semi-closed Oxy-fuel
Combustion Combined Cycle

This paper presents a study of a semi-closed oxy-fuel combustion combined cycle (SCOC-CC)
with a net power output with a size of 100 MW.The heat and mass balance calculations were
conducted in the commercial program IPSEpro, which was linked with NIST-REFPROP to
enable the use of real gas data necessary at the high pressures present in the SCOC-CC.
The gas turbine’s turbomachinery equipment was modelled with in-house mean-line pro-

grams from Lund University and Chalmers University. The mean-line programs for the tur-
bine design (LUAX-T) and compressor design incorporate features as stage loading, loss mod-
elling, cooling and some geometric features to generate more accurate results. A total gas tur-
bine pressure ratio of 39 was chosen to match the combustion outlet temperature (COT) of
1,400 ◦C.
A single-shaft gas turbine configuration was the chosen shaft configuration for the design.

One of the main issues identified was the gas turbine exit Mach number, which should prefer-
ably be kept below 0.60 and axial for the diffuser design, thereby requiring a lightly loaded
last turbine stage.
The required cooling medium flow was calculated to be 26.2%, which is comparable to a

conventional gas turbine. The compression was carried out in a 18-stage compressor and the
expansion in a four-stage turbine.
The conceptual design of the SCOC-CC process has a net efficiency of 47%. One con-

clusion was that a twin-shaft gas turbine design would be beneficial from an aerodynamic
perspective, however the advantages of a twin-shaft design must be weighed against retaining
the inherent simplicity and low cost of a single-shaft design.
The present author’s contribution to this paper was of a consultative nature through con-

tributing expertise regarding the design of conventional gas turbines and combined cycle
power plants. The knowledge of how to carry out the design of conventional gas turbines
and power plants is key to enabling the design of more novel designs as required for the
SCOC-CC. E. Thorbergsson and T. Gronstedt carried out the compressor design and wrote
this section of the paper, M. Sammak and M. Genrup carried out the turbine design and sim-
ulation, K. Jonshagen developed advanced components for the cycle design in Ipse-Pro and
M. Thern assisted in developing the method for calculating with real gas data properties.
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7.2 Optimization of an Oxyfuel Combined Cycle Regarding
Performance and Complexity Level

As there is no oxy-fuel combined cycle in commercial operation yet, it is of major impor-
tance to establish and motivate a design of a competitive OCC that does not include any
unconventional features, beyond what is state-of-the-art in gas turbine technology today, as
any unconventional features could challenge the feasibility of bringing the OCC concept to
the market in a reasonable time. To find and propose a preferred cycle design that would be
competitive, was the effect on the OCC from a few different cycle parameters investigated in
the publication.
The investigated design parameters were, the temperature of the recirculated workingmedium,

the gas turbine pressure ratio, the compressor outlet temperature (COT) and, hence, the tem-
perature into the HRSG and its effect on the thermodynamic design of the HRSG and steam
cycle. The OCC was modelled in an advanced heat and mass balance program, with stage-
level capabilities. For the gas turbine unit a cooling model was used, which kept the metal
temperature of all cooled turbine stages constant, while seeking the optimum pressure ratio.
The working medium in an OCC, which consist of mainly CO2 and some H2O, has a

significantly lower isentropic coefficient than the flue gas in a conventional gas turbine, hence
the OCC requires a higher pressure ratio. However, a high gas turbine pressure ratio increases
the complexity of the machine, which must be weighed against the gain in efficiency.
This trade-off was considered and an OCC design was proposed, with a combustor outlet

temperature of 1,340 ◦C and a pressure ratio of 34. This pressure ratio is somewhat lower
than the optimum, from an cycle efficiency point of view. However, the reduced pressure
ratio significantly eases the complexity of the compressor design. This somewhat lower gas
turbine pressure ratio also makes more energy available for the bottoming cycle. For the
proposed cycle, 38% of the power output is produced in the steam cycle, which is higher than
for the conventional combined cycle where typically a third of the power is produced in the
bottoming cycle.
The recirculated flue gas was cooled to 60 ◦C. Further cooling would removemore moisture

which is positive, but it also rejects more heat from the cycle, which has a negative impact on
the cycle efficiency.
As the specific heat for the flue gas in the OCC behaves differently compared to a con-

ventional combined cycle, is there more energy available at the high temperatures while there
is less energy at low temperatures in the HRSG. This results in that an OCC achieves an
enhanced heat recovery, compared to the conventional combined cycle.
The present author’s contribution to this publication was through setting up the inves-

tigation and designing the oxy-fuel combined cycle in the process simulation tool, Krawal
Modular. The external gas turbine model, which enabled the influence from the different de-
sign parameters on the cycle design to be take into account, e.g. the turbine cooling medium
consumption, was also built by the present author. The same applies to the execution of the
parameter study on the oxy-fuel combined cycle’s topping cycle, which formed the basis for
determining the final cycle design. K. Jonshagen investigated the influences on the HRSG and
steam cycle design further. The present author and K. Jonshagen analysed the results together
and wrote the paper under supervision from M. Sjoedin and M. Genrup.



7.3. Concept for a Combustion System in Oxyfuel Gas Turbine Combined Cycles 73

7.3 Concept for a Combustion System in Oxyfuel Gas
Turbine Combined Cycles

Two alternative SCOC-CCs with different H2O content, due to different conditions for con-
densation of water, in the recirculated working medium (CO2/H2O) have been investigated
and benchmarked against each other. The SCOC-CC alternative with the lower moisture
content showed the highest thermodynamic potential and was selected for further study. The
cycle was optimized in an advanced in-house heat- and mass balance program (Krawal Mod-
ular) and this optimized cycle formed the basis for a design study of the combustion process.
A conceptual combustion system was developed, where three different combustor feed

streams were to be controlled independently: the natural gas fuel, the oxidizer consisting
mainly of oxygen plus some impurities, and the recirculated CO2-rich working medium. A
key issue was how to maintain high combustion efficiency over the entire load range while
using as little oxidizer as possible, and with emissions (NOx, CO, UHC) within given con-
straints. Other important challenges were related to combustion stability, heat transfer and
cooling, and material integrity, all of which are indeed affected when changing the working
medium. The combustor concept was evaluated both through a simplified approach using
laminar flame speed and flame temperature of an air case as a basis and by a more refined
reactor network analysis using the Chemkin software package. The results indicate that the
working medium share going to the burner should be in the range 0.5– 0.6, with the rest be-
ing used for dilution downstream of the primary flame zone. A schematic design of the OCC
combustor with swirl stabilizers and a cylindrical combustion chamber was provided.
The present author and M. Sjoedein performed the process simulations of the oxy-fuel

combined cycle. The present author also investigated several different shaft configurations for
the gas turbine unit, through performing preliminary designs of gas turbine units suitable for
an oxy-fuel combined cycle. M. Siljan performed the HMOC (HighMoisture Oxyfuel Cycle)
simulations and M. Siljan, M. Sjoedein and the present author together wrote the section in
the paper describing the design and analysis of the cycles. J. Janczewski, Ø. Langørgen, M.
Seljeskog and M. Ditaranto carried out the combustion analysis and design and wrote this
section of the paper. S G. Sundkvist and M. Bysveen were project managers of OXYGT, and
coordinated and supervised the writing of the paper.
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7.4 The Influence from the Working Medium on the Profile
Loss in Compressor and Turbine Airfoils

This paper focused on numerically investigating how the CO2-rich working medium in an
oxy-fuel combined cycle affects the aerodynamic loss in the turbomachinery design. This
is important to investigate as it is current practice today to design turbomachinery using 1-
D and 2-D flow tools, which primarily rely on loss models derived for air engines through
tests, experiments and numerical calculations. Another aspect that was considered was how
to assess the influence on the total profile loss in a turbomachine conducting the same total
work (m · ∆ℎ0), with either air or CO2 as the working medium.
The study was conducted on typical compressor and turbine airfoils using a steady-state

Navier-Stokes 3D flow solver. This type of solver can resolve the boundary layer (y+ of about
unity) instead off relying upon a boundary layer equation, thereby eliminating the latter as a
source of error. The results were compared with the predicted profile loss from loss correlations
derived for conventional gas turbine applications, aimed at investigating their applicability for
CO2.
The hypothesis was that the profile loss (for a fixed cascade geometry) depended on the vis-

cosity, and that changes in the viscosity would affect the profile loss. This trend was observed,
for example, when changing the working medium from air to CO2, as the profile loss coef-
ficient (Yp) for the compressor was reduced by about 25% and for the turbine by 6%. The
finding regarding the wet area was that it would increase by about 20% for CO2, compared
to air.
The observed difference in profile loss (Yp) was relatively small at the design point and, thus,

it is the author’s opinion that loss correlations derived for air are also considered safe to use for
the design point calculations when the working medium is CO2. However, there is a certain
risk involved that air-based loss models are not capable of predicting the behaviour over the
full operating range, as the boundary layers risk behaving in a different manner. The finding
that the profile loss for CO2 was somewhat less than for air, must be put in relation to the
increase in total wet area of some 20% for the whole compressor/turbine, which counteracts
the gain.
The present author designed the 3D airfoils used for the investigation for both the compres-

sor and the turbine. The 3D airfoils were formed by stacking several carefully designed 2D
blade profile cross-sections. The present author also meshed, pre-processed, performed and
post-processed the 3D calculation in CFX and its associated programs. The same applies to
the design of the methodology for the investigation, the analysis of the results and the writing
of the paper. M. Genrup andM.Thern supervised the present author during the investigation
and the writing of the paper.
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7.5 Aerodynamic Gas Turbine Compressor Design for an
Oxy-fuel Combined Cycle

This publication investigated the aerodynamic compressor design for a gas turbine unit oper-
ating in an oxy-fuel combined cycle. The key difference in this cycle is the working medium,
which mainly consists of CO2 (80-95 -wt.%), H2O (5-15 -wt.%) and a few percentage points
of enriched N2 and Ar. This CO2-rich working medium has significantly different gas prop-
erties compared to air, which is the working medium in a conventional gas turbine unit. The
difference affects the design requirements on the compressor and the gas state throughout the
compressor. For example, a pressure ratio of 31.0 was required, while the speed of sound at
the compressor inlet was 10-17% less than for air.
The design loop for the conceptual aerodynamic compressor design covered the 1D mid-

span, 2D through-flow and steady-state 3D calculations. The work demonstrated the feasi-
bility of achieving the compression in a single-spool compressor design with today’s state-of-
the-art technology.
The final design was a single-shaft 16-stage compressor, with a designmass flow of 219.8 kg/s,

a shaft speed of 5,700 rpm and a pressure ratio of 31.0. The calculated performance figures
achieved a satisfactory efficiency level of 90.1% isentropic (ηs ) and 92.8% polytropic (ηp),
while maintaining a surge margin of 25.5%.
The present author designed the methodology for the investigation. The entire conceptual

design loop for the compressor, covering the 1D mid-span, the 2D through-flow design and
the steady-state 3D analysis, was carried out by the present author, who also analysed the
results and drew conclusions through the writing of the paper. M. Genrup supervised the
present author during the investigation and the writing of the paper.
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7.6 Aerodynamic Turbine Design for an Oxy-fuel Combined
Cycle

This publication investigated the conceptual aerodynamic design of the turbines for a gas
turbine units operating in an oxy-fuel combined cycle. The key difference in this cycle is
the CO2-rich working medium, which mainly consists of CO2 (80-95 -wt.%) and H2O (5-
15 -wt.%) with a few percentage points of enriched N2 and Ar. The difference in the gas
properties for this CO2-rich working medium compared to conventional flue gases affects,
among other things, both the operation and design of the gas turbine unit’s turbines. The
conceptual aerodynamic turbine design for operation with this CO2-rich working fluid was
investigated through a typical turbine aero-design loop, which covered the 1D mid-span, 2D
through-flow and 3D blade profiling designs and the steady-state 3D validation. The design
was carried out through the use of conventional design methods and design criteria, in order
to investigate whether any significant departures from conventional turbine design methods
were required.
The survey revealed some minor deviations in design considerations, yet it showed that the

turbine design is feasible with today’s state-of-the-art technology, using conventional design
practices and methods.
The turbine design was a two-stage compressor turbine and a four-stage power turbine,

without any substantial turbine intermediate duct. That was because of the elevated gas tem-
perature after the compressor turbine. The isentropic total-to-total efficiency (ηst−t ) for the
compressor turbine and the power turbine was calculated to 86.7% and 92.6%, respectively.
The present author designed the set-up of the study. The entire design of both the com-

pressor turbine and the power turbine was carried out by the present author. The conceptual
turbine design loop covered the 1D mid-span, the 2D through-flow and the steady-state 3D
analysis of both turbines. The same applies to the analysis of the results, drawing of conclu-
sions and to the writing of the paper. M. Genrup supervised the present author during the
investigation and the writing of the paper.
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ABSTRACT 

This paper presents the study of a mid-sized semi-closed oxy-
fuel combustion combined cycle (SCOC-CC) with net power 
output around 108 MW. The paper describes not only the 
power balance and the performance of the SCOC-CC, but also 
the conceptual design of the SCOC turbine and compressor. A 
model has been built in the commercial heat and mass balance 
code IPSEpro to estimate the efficiency of semi-closed dual-
pressure oxy-fuel combustion combined cycle using natural gas 
as a fuel. In order to obtain the real physical properties of the 
working fluids in IPSEpro, the code was linked to the NIST 
Reference Fluid Thermodynamic and Transport Properties 
Database (REFPROP). 
 
The oxy-fuel turbine was modeled with the in-house Lund 
University package LUAX-T. Important features such as stage 
loading, loss modeling, cooling and geometric features were 
included to generate more accurate results. The oxy-fuel 
compressor has been modeled using a Chalmers university in-
house tool for conceptual design of axial compressors. The 
conceptual design of the SCOC-CC process has a net efficiency 
of 47 %. The air separation unit and CO2 compression reduce 
the cycle efficiency by 10 and 2 percentage points, respectively. 
 
A single-shaft configuration was selected for the gas turbine 
simplicity. The rotational speed chosen was 5200 rpm and the 
turbine was designed with four stages. All stage preliminary 
design parameters are within ranges of established industrial 

axial turbine design limits. The main issue is the turbine exit 
Mach number; the stage must be lightly loaded in terms of 
pressure ratio to maintain the exit Mach number below 0.6. The 
compressor is designed with 18 stages. The current value of the 
product of the annulus area and the blade rotational speed 
squared (AN2) was calculated and found to be 40106. 
 
Keywords: SCOC-CC, Oxy fuel, gas turbine, mid-sized dual 
pressure combined cycle, CO2. 
 
NOMENCLATURE 
 
A   Area [m2] 
C  Blade chord [m] 
Cm   Meridional velocity [m/s] 
CCS  Carbon capture and storage 
cp  Specific heat capacity [kJ/kg.K] 
Cp  Pressure recovery coefficient [-] 
HP  High pressure 
HRSG  Heat recovery steam generator  
HTC  Heat transfer coefficient [W/m2.K] 
LP  Low pressure 
m  Mass flow [kg/s] 
m*  Dimensionless mass flow [-] 
M  Molecular mass [kg/kmol] 
M  Mach number [-] 
N  Rotational speed [rpm] 
P   pressure [bar] 
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PR  Pressure ratio [-] 
r  Radius [m] 
R  Gas constant [kJ/kg oC] 
SCOC-CC Semi-closed oxy-fuel combustion combined  
  cycle  
T   Temperature [°C or K] 
U   Blade speed [m/s] 
 
Greek symbols 
γ  Gamma [-] 
Δho  Stage work 
ɛ   Cooling effectiveness [-] 
   Efficiency [%] 
p  Polytropic efficiency [-] 
Λp  Reaction degree based on pressure 
ρ   Density [kg/m3] 
φ    Flow coefficient [-]   
ψ   Blade loading coefficient [-] 
 
Subscripts 
ax  Axial  
d  Discharge 
h  hub 
i  Inlet 
m  Meridional 
rel  Relative 
rtr  Rotor 
str  Stator 
ti  Total inlet 
td  Total discharge 
t  Tip 
 
INTRODUCTION 

 
Secure, reliable and affordable energy supply is needed for 
economic growth. However, the increase in the carbon dioxide 
(CO2) emissions associated with oil, coal and natural gas is a 
cause of major concern. Over the past decade, reducing carbon 
emissions and their impact on climate change has become the 
major focus of researchers and scientists. One option that has 
broad potential is CO2 capture and storage; however, 
considerable development is needed to enable scale-up for 
industrial applications, and to make it more economical. 
  
A number of power plant concepts for CO2-neutral power 
production have been developed. All have advantages and 
disadvantages, and no single technique has shown to be 
superior in terms of performance and cost. The choice of 
capture technology is determined largely by the process 
conditions under which it the process must operate. Current 
carbon dioxide capture systems for power plants have the 
potential to capture some about 85-95 % of the CO2 produced 
[1]. However, carbon capture and compression come at a price, 
namely a decrease in performance of the plant.  
 

One promising candidate for the separation of carbon dioxide 
emitted by power plants is the semi-closed oxy-fuel combustion 
combined cycle (SCOC-CC).  SCOC-CC concept is based on 
replacing air with oxygen in the combustion of the fuel so that 
the main products of combustion will be carbon dioxide and 
water. The steam is condensed in the flue gas condenser, while 
the CO2 rich flue gas is separated into two streams. The main 
stream is re-circulated to the gas turbine, while the much 
smaller bleed stream is compressed for transport and storage  
 [1].  
 
Previous published work on SCOC-CC has been focused on 
large single-shaft gas turbines. There are several publications 
from ENCAP, Bolland and Sanz [2-9], among others. This 
paper differs from the previous work in that the studied SCOC-
CC cycle is a mid-sized cycle with net power output around 
108 MW and a gas turbine rotational speed of 5200 rpm leading 
to fewer stages in the compressor. The issues of air separation 
and CO2 transport and storage are not discussed although their 
impact is taken into consideration in the cycle assessments. 
 
The change in the compressor working fluid, from air to CO2, 
requires a number of important changes in the properties for the 
design of the gas turbine compressor, combustion chamber, and 
turbine. 
 
Table 1 presents the main thermodynamic properties of air and 
carbon dioxide at 15 °C and 1 bar.    
 
Table 1: Thermodynamic properties of air and carbon dioxide at 
15 °C and 1 bar [10]. 

Thermodynamic 
properties 

Units	 Air	 Carbon dioxide	

Cp     kJ/kg °C 1.005 0.846 
Cv     kJ/kg °C 0.718 0.657 
R     kJ/kg °C 0.287 0.189 
γ - 1.4 1.289 
ρ kg/m3 1.2 1.84 
M     kg/kmol        28.9           44.01 

 
From Table 1 it can be seen that the carbon dioxide has a lower 
value of gamma γ and a higher density than air. The speed of 
sound in the denser gas will be slower, and this will have a 
great impact on the design of the gas turbine. Issues such as 
Mach numbers in the turbomachinery components and 
maintaining a high performance in the bottoming cycle will 
have to be addressed.    
 
Land based gas turbines can be categorized as single-, twin- or 
three-shaft units. The single-shaft configuration is less 
complex, but has poor torque characteristics for mechanical 
drive. The gas turbine mass flow can be controlled using a 
fixed-speed, single-shaft turbine by means of the variable guide 
vanes. This means that part-load operation can be achieved 
with a, more-or-less, nominal firing level, maintaining a high 
exhausts temperature over a wide load range. This feature 
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results in high combined-cycle performance. A multi-shaft unit 
typically has about twice the full-load torque at starting speed, 
and is capable of satisfying both electric power and mechanical 
drive applications. Thus, a SCOC-CC plant based on a single-
shaft turbine offers several advantages. 
 
THE SEMI-CLOSED OXY-FUEL COMBUSTION 
COMBINED CYCLE PROCESS 

 
Figure 1 show a schematic of the SCOC-CC cycle. The 
SCOC-CC consists of five main parts: the topping cycle, the 
bottoming cycle, the air separation unit, the CO2 compression 
and the flue gas condenser. A brief description of the proposed 
SCOC-CC is given below.  
 
The topping cycle consists of a compressor, a combustion 
chamber and a turbine. 
Compressor: The compressor working fluid consists mainly of 
CO2 re-circulated from the flue gas condenser. (The flue gas is 
divided into two streams; about 93 % being returned to the 
compressor).  As a direct consequence of the high CO2 content, 
the pressure ratio in the SCOC-CC is calculated to 39, which is 
higher than the operating pressure ratio for a conventional 
industrial gas turbine.  
Combustion Chamber: In the SCOC-CC, combustion of 
hydrocarbons is performed in oxygen with a purity of 95 % at 
close to the stoichiometric conditions. The oxygen is obtained 
from the air separation unit. The SCOC-CC combustion 
chamber products are thus quite different from conventional 
combustion chamber products.  The outlet temperature from the 
combustion chamber is set to 1400 °C. This gives a good 
turbine effect taking into consideration material limitation in 
the turbine as well as  cooling effectiveness that is a function of 
degree of technology. The theoretical flame temperature in the 
combustion chamber may reach 3500 °C [1] while the actual 
flame temperature is lower. This is considerably higher than 
any state-of-the-art gas turbine can handle, and must be 
addressed in subsequent design phases.  
Turbine: Due to the high temperature at the turbine inlet the 
turbine is cooled with CO2 from the compressor. The mass flow 
of the cooling CO2

 is about 30 % of the turbine inlet mass flow. 
The flue gas is expanded in the turbine to a pressure of 1.06 bar 
(including the diffuser loss), resulting in a temperature of 
620 °C.  
 
The bottoming cycle main components are the heat recovery 
steam generator (HRSG) and steam turbine and condenser. The 
heat recovery system employs two pressure levels. A third level 
would probably give better performance, but is not considered 
here due to the cost. The heat recovery steam generator has a 
standard configuration including a low-pressure (LP) econom- 
izer, a low-pressure evaporator, a low-pressure superheater, a 
high-pressure (HP) economizer, a high-pressure evaporator and 
finally a high-pressure superheater. The HP inlet steam 
temperature is set at 565 °C and a pressure of 127 bar at steam 
quality around 85 %. The static pressure of the condenser is set 

to 0.034 bar, assuming a cooling water temperature of 15 °C. 
The performance of the steam turbine has been assessed in 
detail with the Siemens in-house design code for steam 
turbines, however, due to the proprietary nature of this 
information; no details can be given here. The deaerator is 
operating at 105 °C and the energy is taken from the LP-
economizer. The deaerator outgoing water is cooled by the 
incoming condensate, to approximately 50 °C. This is limited 
by the requirement of a temperature difference of 13 °C for 
efficient deaeration. This configuration increases the 
temperature of the inlet water in the economizer which prevents 
flue-gas condensation.  The flue-gas exit temperature from the 
HRSG is of 64 °C is lower than for a regular dual-pressure 
combined cycle and this is due to the fact that the specific heat 
of the flue gas is lower than in a conventional cycle. 
 
The flue gas condenser is assumed to be a packed column. The 
purpose of this is to condense water from the exhaust gases and 
remove pollutants and non-condensed gases from the flue gas. 
The flue gas leaving the flue gas condenser consists mainly of 
CO2 with a temperature around 20 °C. Most of the CO2, around 
93 %, is recycled to the compressor, while the remainder is bled 
off and compressed for storage. 
 
CO2 is compressed and liquefied at a pressure of 200 bar to 
enable transport and storage in the dense phase. 
 
There are three commercially available methods of separating 
air, namely; cryogenic separation, pressure swing absorption, 
and membranes. The very large quantities of oxygen required 
in oxy-fuel combustion can only be produced economically 
using cryogenic separation [9,11]. 

 
MODELING AND PROCESS SIMULATION 

 
All thermodynamic and process simulations were performed 
using the commercial software IPSEpro, developed by 
SimTech Simulation Technology [12]. This software allows the 
implementation of user-defined fluid properties to simulate the 
real gas properties of the working fluids. The physical 
properties of water and steam were calculated using the 
standard IAPWS-IF97 formulations in IPSEpro [12]. IPSEpro 
was linked to the NIST Reference Fluid Thermodynamic and 
Transport Properties Database (REFPROP) to obtain more 
realistic results [13].  
 
Modeling of e.g. turbomachinery components becomes more 
intricate with rigorous-state models. The assumption of the 
reversible polytropic path for the compression works should not 
be used, since they are typically derived from semi-perfect gas 
models. Instead, one should use the basic state equations for 
such process. 
The Mallen-Saville model [14, 15] was implemented in this 
study. 
 
 



 4 Copyright © 2011 by ASME 

	ds/dT        (1) 
 
∆ ∆ /ln	   (2) 
 

Δ /Δ       (3) 
  

The polytropic efficiency calculated by the model was 92 %.   
 
The SCOC-CC was designed as a mid-sized plant. Such a plant 
would typically have two pressure levels in the bottoming 
cycle, in contrast to larger plants with three pressure levels and 
reheat. Choosing a smaller plant offers the possibility of using 
geared gas- and steam turbines, hence allowing compact parts 

to be used. Bolland and Mathieu found that the difference 
between dual- and triple-pressure steam cycles was very 
small [9].  
The work necessary to obtain oxygen with 95% purity from air 
has been estimated to approximately 900 kJ/kg O2 and 
325 kJ/kg O2 for compression [2]. The energy required for CO2 
compression from 1 to 200 bar for transport and storage has 
been estimated to be 350 kJ/kg CO2  [2]. 
 
The thermodynamic states and compositions of the streams are 
given in Tables 2 and 3 respectively. Table 4 lists the main 
cycle parameters. 

 
Figure 1: Principle flow scheme for SCOC-CC.
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The SCOC-CC Turbine design 
 
The rotational speed is typically set by either the turbine 
exhaust Mach number at a maximum available AN2 (root 
stress level) or the relative tip Mach number at the first 
compressor rotor. The importance of the AN2 parameter cannot 
be overemphasized since a reduction from e.g. 50106 to 40106 

may translate into two additional compressor stages. The exit 
Mach number is preferable within the range of 0.5-0.6 while 
the maximum tip Mach number is in the order of 1.3 [16]. The 
meridional Mach number should be less than 0.7 at the 
compressor inlet.   
The heavy gas introduces issues with the last stage loading due 
to the low speed of sound. For reasonable exit losses, the last 
turbine stage should be designed with an exit Mach number 
below 0.6 (see figure 2).  
  
The pressure ratio of the last stage needs to be low, but still 
give sufficient rotor turning to keep blade frequency high 
enough in order to avoid rotor dynamic difficulties. One can 
argue whether a twin-shaft unit should provide a better 
platform. The additional freedom of having another speed level 
would be advantageous in terms of optimizing the loading 
distribution. The speed level was calculated to 5200 rpm and 
the first turbine stage rim speed to 380 m/s. The calculated 
rotation speed takes into account the aerodynamics 
requirements that are leveling between exit Mach number and 
the last stage loading coefficient. The relative tip Mach number 
of the first compressor stage does not pose any limitations at 
the chosen speed level. Efficient gears are available exceeding 
100 MW. The associated losses are approximately 1.2 % and 
0.6 % for normal and vacuum respectively. 
 
The first stage has almost no inner wall hade, while the later 
next one has about eight degrees. The first two rotors are 
cylindrical to satisfy minimum running clearance requirements. 
The outer wall hade was set to a maximum of 25° to maintain a 
maximum opening of approximately 35°. These values are 
somewhat arbitrary, but well within current practice. The actual 
limitations must be assessed in a later, more detailed design 
phase. With these design constraints, the exit Mach number is 
0.60 and the value of AN2 is close to 40106. The last rotor has 
a mid-span turning exceeding 65°. A three-stage design would 
not be realistic, even at higher speed, due to the inherent 
limitation on the exit Mach number. Figure 3 presents the 
annulus of a four stages SCOC designed turbine. 
 
The designed four stages SCOC turbine flow coefficients, stage 
loading coefficients and reactions degree of the four-stage are 
presented in Table 5.   
 

 
Figure 3: Annulus of the conceptual design of the SCOC 
turbine. 

Table 5: Turbine design data. 
 Stage 1 Stage 2 Stage 3 Stage 4 

∆h0 U2⁄ 1.7 1.3 1.1 1.0 
1.30 

Cm U⁄  0.39 0.39 0.42 0.44 
PR 2.57 2.32 2.34 2.74 
Λp 0.30 0.38 0.38 0.40 
/ 0.47/0.4 0.28/0.16 0.05/0 - 

 
The combustor outlet temperature was set to 1400 °C to obtain 
high power density and good cycle performance. This level of 
firing requires an efficient cooling system. The firing level 
alone is not sufficient to describe the required cooling, and the 
cooling effectiveness must be used to describe the cooling duty 
(). At first glance, the values of the cooling effectiveness are 
low – and well within common practice. The cooling flows can 
be assessed with the standard m-star model [17]. 
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Equations (4) provide a link between the thermodynamic 
properties of the cycle, the maximum metal temperature, the 
level of technology and the velocity triangles. All temperatures 
should be relative, since both the inlet temperature and coolant 
temperature are dependent on the velocity triangles. The 
relative inlet temperature can be controlled effectively by 
lowering the reaction level. Another possibility is to reduce the 
relative inlet velocity by using a lower value of		Cm U⁄ , 
resulting in lower local heat transfer at the first part of the 
blade. However, it is not possible to assess this heat transfer 
with a mid-span code. The present version of LUAX-T has 
three different ways of mixing coolant into the main stream, 
namely: (i) film, (ii) trailing-edge ejection, and (iii) packing and 
cavity purge flows. Losses due to coolant- and packing flows 
are assessed by conservation of momentum and energy. The 
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mixing routines result in a non-linear system that must be 
solved iteratively for conservation of mass. Film losses are 
assessed through a generic free stream velocity distribution and 
the Hartsel mixing method [18]. The generic velocity 
distribution assumes a certain loading distribution and suction-
side diffusion level. Injection positions, angles and momentum 
ratios are typical in terms of normal showerhead and profile 
configurations. Common practice is not to have injection 
cooling after the throat point – driven by that the loss scales 
with Mach number squared. 
 
The total cooling flow, including 1.5 % per disc cooling and 
packing, is 49.8 kg/s or 26.2 % of the compressor inlet flow. 
This figure is rather high, and must be further investigated. The 
specific heat ratio between air and carbon dioxide is about 1.2, 
and a corresponding influence on cooling consumption is to be 
expected by virtue of the medium alone. It should be borne in 
mind that the m-star model typically underestimates the total 
cooling flow for highly fired engines. It is common to introduce 
an adjustment factor which is dependent on the firing level. 
Early profiling and a heat transfer code should be able to verify 
the coolant consumption in a later design stage. The drop in 
combustion pressure is a limiting factor in terms of the pressure 
difference for film cooling of the first vane. For a normal gas 
turbine, the pressure drop should not fall below 3 % to ensure 
sufficient film pressure drop. The entire cooling and secondary 
air system must be analyzed before any firm conclusions can be 
drawn. 
 
The SCOC-CC compressor design 
 
As mentioned previously the design of the SCOC-CC 
compressor is constrained by the relative tip Mach number of 
the first rotor. To allow a high blade speed and keep first stage 
transonic losses down an inlet guide vane is employed. Here, a 
15° swirl was selected. This was a sufficient level for the 
relatively moderate Mach number that resulted from the design 
process described below. 
 
Reducing the flow coefficient at the first stage will help to keep 
the first stage specific work up. For a given hub tip ratio 
reducing flow speed will increase speed at the blade mid 
allowing a higher first stage temperature rise to be achieved for 
a given stage loading parameter ψ. However, it is usually 
desirable to reduce axial flow speed and the flow coefficient 
through the compressor to allow a relatively low flow 
coefficient at the compressor exit. This makes the process of 
establishing a desirable surge margin easier. In fact, it is 
possible to select a somewhat higher first stage flow factor and 
simultaneously obtain an operation point close to the minimum 
tip Mach number, i.e. close to the minima of the family of 
curves presented in Figure 4. This will reduce the transonic 
losses incurred in the first stage rotor. Here, a first stage hub tip 
ratio of 0.483 is selected together with a flow factor of 0.65.   
 

To keep blade lengths at a reasonable level and thereby limit tip 
leakage losses in the last stages of the compressor the hub-tip 
ratio must be kept at a reasonable number. Here a constraint of 
0.92 in exit hub tip ratio has been imposed together with an 
axial exit Mach number of 0.25. Together with the mass flow, 
the compressor efficiency and the pressure ratio the hub tip 
ratio limit will define the compressor exit tip and hub radius; 
here these numbers turn out to be 0.374 and 0.345 meters 
respectively.   
 
To ensure that accurate thermodynamic gas properties are 
obtained the Chalmers university in-house tool for conceptual 
compressor design couples the REFPROP tool to the 
compressor design process.  

 
Figure 4: First stage rotor relative tip Mach number as a 
function of flow coefficient for a range of hub-tip-ratios 
(0.4, 0.45, 0.50, 0.55). 
 
The resulting compressor is an 18-stage design. It should be 
noted that the initial assumption of a first stage rotor hub-tip 
ratio of 0.50 and the limiting hub tip ratio of 0.92 at the 
compressor exit produced an annulus very close to a constant 
hub design after the first stage. Data on axial flow velocities, 
blade speeds at blade mid, flow coefficients, stage loading 
coefficients, stage hub tip ratio, relative tip Mach numbers and 
stage pressure ratios have been collected in Table 6. A cross 
sectional drawing of the compressor annulus is reproduced in 
Figure 5. 
 
The design studies carried out strongly suggest that the number 
of stages and the feasibility of a single-shaft compressor are 
quite sensitive to the exit hub tip ratio. Reducing the allowable 
exit hub tip ratio to 0.90 typically adds 2-4 stages on the 
compressor due to the reduced blade speed. This gives some 
insight into how the selection of single-shaft compressor 
architecture imposes restrictions on the pressure ratio of the 
cycle. Increasing the pressure ratio further will necessitate that 
the annulus is allowed to move to lower radii, a decreasing hub 
radius design, to allow the shorter blades arising from the 
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increased pressure and density to stay within the hub tip ratio 
bound. This will add stages rapidly making the single-shaft 

design less attractive for very high cycle pressure ratios.

  

 
Figure 5: Annulus of the conceptual design of the SCOC compressor. 

 
Table 6: SCOC-CC compressor data. 

Stage  1 3 5 7 9 11 13 15 17 18
Cax [m/s] 155 138 127 117 106 100 100 100 100 100
Um [m/s] 246 232 219 212 208 204 201 199 197 196
φm  -  0.63 0.60 0.58 0.55 0.51 0.49 0.50 0.50 0.51 0.51
ψm  -  0.45 0.45 0.45 0.45 0.45 0.45 0.45 0.45 0.45 0.45
rh/rt  -  0.55 0.68 0.75 0.79 0.83 0.85 0.88 0.90 0.91 0.92
Mreltip  -  1.12 0.85 0.73 0.65 0.60 0.56 0.53 0.50 0.48 0.47
PR  -  1.52 1.37 1.28 1.23 1.19 1.17 1.15 1.14 1.13 1.12

  
CONCLUSION 
 
This paper presents the conceptual design of a mid-sized, semi-
closed dual-pressure oxy-fuel combustion combined cycle and 
the conceptual design of a SCOC turbine and compressor. The 
SCOC-CC model was based on the heat and mass balance code 
IPSEpro. The physical properties of the gases were calculated 
using values determined by NIST software REFPROP. 
 
The designed SCOC-CC process has a net power output of 
108 MW and 47 % efficiency. Note that all values exclude 
parasitic losses and step-up transformer losses. The air 
separation unit reduces the net efficiency by 10 percentage 
points while the CO2 compression reduces it by another 2 
percentage points.  
 
The overall compressor pressure ratio is 39 which is higher 
than the operating pressure ratio for a conventional industrial 
gas turbine. The combustion outlet temperature is set to 
1400 oC. The turbine requires an efficient cooling system to 
maintain blade metal temperature within the limits. The total 
calculated cooling flow is 49.8 kg/s or 26.2 % of the 
compressor inlet flow. 
 
A four-stage, single-shaft gas turbine configuration was chosen 
for simplicity. The rotational speed selected was 5200 rpm. The 
turbine exit Mach number was maintained below 0.60. The 

compressor was designed with 18 stages. The current value of 
AN2 was found to be 40106.  
 
The last stage loading issue together with the relative low 
compressor rotor inlet Mach number suggests that a twin-shaft 
unit is a better candidate for optimal turbomachinery operation. 
Furthermore a twin-shaft design would allow the gas generator 
to operate at a higher speed level making the compressing 
system more compact as well as providing an optimized power 
turbine at a lower speed level. However, the advantages of a 
twin-shaft design must always be weighed against retaining the 
inherent simplicity and low cost of the simple cycle single-shaft 
design.  
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ABSTRACT 
The aim of this paper is to establish and motivate the design 
parameters of a 125 MW Oxyfuel Combined Cycle (OCC) also 
referred to as the Semi-Closed Oxyfuel-Combusted Combined 
Cycle (SCOC-CC). This paper proposes a compatible OCC that 
does not include any unconventional features, beyond what is 
state-of-the-art in gas turbine technology today. Such features 
could challenge the feasibility to bring the concept to the 
market in a reasonable time.  

The OCC requires a higher pressure ratio compared to a 
conventional combined cycle in order to achieve exhaust 
conditions that fit the design of the bottoming cycle. However, 
a high gas turbine pressure ratio increases the complexity of the 
machine and must be weighted against the gain in efficiency. 
The OCC gas turbine is modeled using a cooling model which 
keeps the metal temperature of all cooled turbine stages 
constant while seeking the optimum pressure ratio.  

As the cycle is semi-closed the compressor inlet 
temperature is a design parameter: it is shown that there is an 
efficiency optimum clearly in the range of what is normally 
achievable. As the gas properties of the OCC flue gas differ 
from the conventional plant, the effects of this on the HRSG 
design are explored. 
 
Keywords: SCOC-CC, Oxyfuel, mid-sized dual pressure 
combined cycle, CO2, CCS. 
 

NOMENCLATURE  

A Area [m2] 

CCS Carbon Capture and Storage 

COT Combustor Outlet Temperature 

cp Specific heat [kJ/kg K] 

dA/dV 
Change in cooled turbine area with gas 
volume flow [m-1] 

EGT Exhaust Gas Temperature [°C] 

GT Gas Turbine 

hHTC
 Heat transfer coefficient [W/m2 K] 

HP-ST High Pressure Steam Turbine 

HRSG Heat Recovery Steam Generator 

k Conductivity [W/m K] 

NGCC Natural Gas fired Combined Cycle 

OCC Oxyfuel Combined Cycle 

p Pressure [bar] 

PR Pressure ratio [-] 

Pr Prandtl [-] 

R Gas constant [kJ/kg K] 

SAS Secondary-Air-System 

SCOC-CC 
Semi-Closed Oxyfuel Combustion Combined 
Cycle 

ST Steam Turbine 

T Temperature [°C] 

V Volume flow [m3/s] 
 

SUBSCRIPT 

1 Inlet 

2 Outlet 

ap Approach point [°C] 

CC Combined-Cycle 

evap Evaporation (temperature) [°C] 

exit HRSG exit 

fw Feedwater 

GT Gas Turbine 

new New  

net Netto 

noCO2tre 
without the cost for CO2 treatment and 
compression of the bleed stream 

pp Pinch-point 

ref Reference condition 
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s Isentropic  

ST Steam Turbine 
 

GREEK SYMBOLS 

ε Effectiveness [-] 

Φ Heat load [-] 

η  Efficiency [-] 

µ Kinematic viscosity [m2/s] 

γ Isentropic exponent [-] 

ρ Density [kg/m3] 
 
INTRODUCTION 
Oxyfuel combustion refers to combustion of fuel using pure 
oxygen rather than normal air. In this way, very high 
temperatures can be achieved but when applied to carbon 
capture in power plants this is not the aim. Here the idea is to 
avoid having non-condensable gases such as nitrogen in the 
flue gas. After the steam generator the CO2 can be separated by 
simply condensing the steam formed in the combustion process. 
The concept is well developed for coal-fired power plants and 
pilot plants are in operation both in Germany and 
Australia[1],[2]. 

The OCC is a power cycle designed for CO2 capture 
with similarities to the conventional combined cycle power 
plant. The top cycle is a semi-closed gas turbine cycle with a 
working fluid mainly consisting of carbon dioxide, a small 
amount of steam (5-30 wt-%) and enriched noble gases. Fuel 
and oxygen are injected into the combustion chamber, 
operating in close to stoichiometric conditions. After expansion 
in the turbine and cooling in the HRSG the gas stream formed 
in the combustion is cooled, the steam part is partially 
condensed in a flue gas condenser and the surplus water is 
drained out of the cycle. Some of the gaseous part of the stream  
mainly containing carbon dioxide is bled off and prepared for 
either utilization in the industry, e.g. for Enhanced Oil 
Recovery, or the CO2 is transported for final storage. 

The aim of this paper is to establish an OCC cycle that is 
feasible in a near future. The cycle should suit both the power 
industry and the Enhanced Oil Recovery market and therefore a 
unit size of approximately 125 MWel is chosen.  

One of the key parameters in an OCC design is the gas 
turbine pressure ratio. In ref [2], Yang et al. suggests a pressure 
ratio of 60, which is higher than previous investigations. 
Sammak et al. [4] have 37, Franco et al. [5], Sanz et al. [6] have 
40 and Bolland and Mathieu [7] found an efficiency optimum 
at a pressure ratio of 30. The pressure ratio also affects the 
cooling flow which in turn has a significant influence on the 
efficiency. In order to create an accurate pressure ratio to 
efficiency optimization this work implements a Secondary-Air-
System model. The approach here differs from what Yang et al. 
[2] did in the sense that the blade metal temperature is kept 
constant not only in the first stage but in all cooled turbine 

stages. By doing so the variation of heat drop per stage is 
accounted for while varying the pressure ratio.  

Another design parameter that has been neglected in the 
published work is the compressor inlet temperature. For a 
closed / semi-closed cycle this is a design parameter which has 
an impact on the specific work and efficiency. Reference [3]-
[7] uses temperatures reaching from 18 °C to 25 °C which is 
more or less the minimum value achievable at their plant 
conditions. The influence from increasing the compressor inlet 
temperature is investigated in the present work; the preferred 
temperature was, however, found to be at a higher level than 
the mentioned values. 

The paper also addresses the influence on the bottoming 
cycle design from the fact that the gas properties of the OCC 
flue gas differs from the conventional NGCC plant. The 
behavior of specific heat vs. temperature influences the choice 
of pressure levels in the HRSG design.   

 
CYCLE SETUP 
The OCC consists of a topping cycle, gas turbine with 
recirculated working fluid, and a bottoming cycle that consists 
of a conventional two-pressure steam cycle. The topping cycle 
consists of a power generating gas turbine with a combustion 
system operating on mainly recirculated working fluid, a pure 
O2 stream and a fuel stream. The layout of the OCC plant and 
its components is seen in Appendix 1 and the numbers in 
brackets correspond to its sections. From the GT exhaust {7} 
the flue gas passes through the HRSG transferring heat to the 
bottoming cycle. From the HRSG outlet {13} the flue gas is 
recirculated via a flue gas cooler/condenser where the working 
fluid is cooled and some of the steam is condensed before the 
partial bleed of the gaseous remains of the fluid. From the 
working fluid, consisting mainly of CO2, steam and enriched 
Argon, Nitrogen, and Oxygen, a stream is bled off for Carbon 
Capture and Storage (CCS) {44}. Before entering the 
compressor the working fluid is preheated, to reduce RH to 
80 %, in a heat exchanger {14} utilizing feed water before it 
enters the compressor inlet {1}. 

The bottoming cycle consists of a conventional two- 
pressure HRSG as the preferred concept for efficiency, cost and 
complexity for an OCC at this size. The simulations are based 
on a seawater-cooled condenser operating at 0.045 bar and 
above 15 % moisture content (15 °C inlet, 25 °C outlet and 
6 °C terminal temperature difference).  

 
METHOD 
The OCC cycle was simulated in the Siemens standard process 
simulation tool Krawal-modular. The Krawal tool is an 
advanced heat and mass balance program with stage level 
capabilities. It is based on real gas properties and has a matrix 
type solver. The optimized cycle configuration setup is shown 
in Appendix 1. The influence of varying a number of different 
parameters was evaluated to come up with the best compromise 
between efficiency, design challenge, complexity and cost to 
ensure an attractive product with high availability. The 
calculation approach is to use variable geometries of all 
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components and keep the net power output constant. Doing so 
makes the mass flow vary through each case and each case can 
be considered as a new design.  
 
The investigated principal parameters are: 

• Pressure ratio for the gas turbine compressor and the 
corresponding flue gas temperature into the HRSG 

• Temperature of the recirculated working fluid into the 
gas turbine compressor 

• HRSG and bottoming cycle design 
 

Table 1: Component performance and boundary 
conditions 

Aggregates  Parameter Unit Value 

GT Compressor      

LPC/HPC ηs % 90.5/90.0 

Combustor    

Air to Fuel ratio λ - 1.01 

GT Turbine      

HPT/LPT/PT ηs % 87.0/87.0/91.5 

HPT COT °C 1340 

Steam Turbine      

HP1/HP2/LP ηs % 90.2/88.9/86.0 

HPST p bar 100 

HPST T °C 565 

LPST p bar 5.00 

Condenser p bar 0.045 

HRSG    

dP gas  dp bar 0.038 

pp evap Tpp °C 8.00 

ap evap Tap °C 5.00 

Auxiliary    

Fuel compressor ηs % 80.0 

O2  compressor ηs % 80.0 

Pump  ηs % 75.0 

Gear box η % 98.0 

Generator η % 98.4 

N.B. The presented efficiencies are isentropic. 
 

The gas turbine and steam turbine are modeled in sections 
containing one or more stages. Each compressor and turbine 
section was simulated with a constant, but individual isentropic 
efficiency (Table 1). The stage count for the gas turbine 
HPT/LPT/PT was 1, 2 and 3, respectively.  

The Secondary-Air-System (cooling and sealing flow) 
was divided into two parts, turbine cooling and turbine disk 
sealing. The turbine cooling system design is based on an 
assumption of 850 °C metal temperature. The turbine disk 
cooling and sealing flow (to prevent hot gas ingestion) were 
predicted according to Balay & Owen [14]. 

The turbine cooling was predicted with an extended 
version of the common m*-method that utilize effectiveness 

(ε), efficiency (η) and heat load (Φ) [13].  
 

Cooled turbine area: 

ref

dV
V

1

refrefnew

0.75-0.5
constant

new AV)V(VdVdAA +−⋅=
444 3444 21321

 
(1) 

 
Heat transfer correlation: 

1/3

ref

new

1/10

ref

new

4/5

refrefnew

newnewref

4/5

new

ref

ref

new
refHTC,newHTC,

Pr

Pr

V

V

TRp

TRp

1

k

k
hh









⋅









⋅









⋅⋅

⋅
⋅

⋅






















⋅⋅=

⋅

 (2) 

 
The reason for the enhanced cooling calculation is to 

capture the effect on the heat transfer from the gas properties of 
the new working medium. The additional parameters, 
incorporated to handle these effects, are variation in cooled 
turbine area with gas volume flow (dA/dV, Eq 1) and change in 
heat transfer coefficient (HTC, Eq 2) due to the gas 
composition and flow conditions. The ratio between the cooled 
area and volume flow was calculated to be in the range of 0.5-
0.75. A conservative approach using 0.75 was applied. The 
variation in heat transfer coefficient is evaluated with Eq.2. 
Equation 2 is based on a flat plate turbulent flow assumption. 
The benefit of this approach is to predict the relative change 
from a known reference case utilizing similar cooling 
technology. This approach makes the analysis less sensitive to 
the absolute values as only relative variations influence the 
result. 

Natural gas was used in the calculations and was delivered 
to the plant at a pressure of 30.0 bar and a temperature of 
15.0 °C. For further compression to suit the combustor a 
compressor with an isentropic efficiency of 80.0 % was used 
and the fuel composition is shown in Table 2. 
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The oxygen used for the combustion is supplied by an air 
separation unit (ASU) at 1.20 bar and 30.0 °C at a cost of 
735 kW/kg and further compression was made with a isentropic 
efficiency of 80.0 %. The purity of the delivered stream was 
95.0 wt % O2 with additional 3.0 wt- % Ar and 2.0 wt- % N2 

(Table 2).   
Table 2: Fuel and ASU composition 

Fuel Composition   

CH4 wt-% 89.0 

C2H6 
wt-% 7.00 

C2H8 
wt-% 1.00 

nC4H10 
wt-% 0.0500 

iC4H10 
wt-% 0.0500 

C5H12 
wt-% 0.0100 

N2 
wt-% 0.980 

CO2 
wt-% 2.00 

LHV kJ/kg 46 502 

 

ASU Composition 
  

O2 wt-% 95.0 

Ar wt-% 3.00 

N2 wt-% 2.00 

 
GAS TURBINE PRESSURE RATIO 
The linchpin of the OCC is the gas turbine pressure ratio. In 
order to achieve an exhaust gas temperature suitable for the 
bottoming steam cycle a significantly higher pressure ratio is 
required, compared to a conventional air-based cycle. The 
underlying reason for this is that the working fluid consists 
mostly of CO2 which has a low isentropic exponent 

(γ) compared to air, e.g. at 1000 °C and 30 bar γCO2 = 1.174 

while γAir = 1.321. If the GT should operate at a combustor 
outlet temperature (COT) comparable to a conventional GT 
while utilizing the same temperature drop in the GT the overall 
pressure ratio has to be raised considerably, [2], [4], [8]. The 
alternative of reducing the COT is devastating for the efficiency 
of the cycle. 

For a combined-cycle gas turbine the required exhaust 
gas temperature (EGT) depends on the ability of the steam 
cycle to utilize reheat. This work treats a 125 MWnet power 
plant which typically comprises a single or dual-pressure steam 
cycle without reheat with an admission temperature of 565 °C. 
For this an EGT of 590 °C – 600 °C would be suitable; 
however this will require a GT pressure ratio above 40. The 
pressure ratio vs. net cycle efficiency (including O2 
compression) diagram in Figure 1 is calculated using a COT of 

1340 °C, a dual-pressure steam cycle with fixed steam data and 
a total net power output of 125 MWnet i.e. the GT mass flow 
varies.  

The minimum realistic EGT required for a steam 
admission temperature of 565 °C is set to 590 °C, but to 
investigate a wider span of GT pressure ratios and to show a 
more complete picture of the behavior, EGTs down to 575 °C 
are included in Figure 1. The efficiency vs. pressure ratio 
diagram flattens out at a pressure ratio of about 40 which 
corresponds to the pressure ratio used by Franco et al. [5] and 
Sammak et al. [4]. A high EGT reduces the enthalpy drop per 
stage in the turbine (for a fixed number of stages) which will 
result in higher gas temperatures on the later stages and 
increased cooling demands. This can be handled either by 
increased cooling flow, which is the approach here, or 
increased cooling technology level. In the worst case more 
components have to be cooled. In the last two stages creep is 
also an important issue to be considered for high EGT and the 
realistic limit is probably around 640 °C – 650 °C but for 
completeness EGT’s up to 680 °C has been investigated.  

 

 
Figure 1: OCC efficiency and EGT vs.  

GT pressure ratio 

Figure 1 shows that, when increasing the pressure ratio from 
29.1 (corresponding to an EGT of 640 °C) to 42.9 (and an EGT 
of 590 °C) the efficiency increases by 0.34 %-points (from 
47.03 % to 47.37 %). This increase in efficiency is not 
negligible, but the leap in pressure ratio from 29.1 to 42.9 is 
considered too large and therefore hard to motivate from a gas 
turbine design point of view. It could also be seen that the 
efficiency curve flattens out for pressure ratios above 40. That 
is due to the increasing SAS flows followed by rising 
temperatures through the rear part of the GT. Increasing PR 
would also require additional stages in both the compressor and 
turbine. Designing a GT for pressure ratios above 40 is 
challenging even for a conventional machine and normally 
requires a two-spool compressor configuration. Conventional 
GTs with high PR are e.g. RR Trent 60 (34), GE LMS100PB 
(44), LM 6000PG (35), Alstom GT26 (34) [10]. For an OCC 
that has a working fluid with much lower speed of sound, e.g. 
at 50 °C and 30bar, it is only 78 % of that for air (279 m/s 
compared to 360 m/s), a high-pressure ratio design would be an 
even tougher task for the compressor. 
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To facilitate the technical challenge for the compressor 
design a pressure ratio of 34 corresponding to an EGT of 
620 °C is chosen. This generates temperature margins to 
include reheat in the steam cycle or possibility to increase 
steam admission temperature towards 600 °C. A lower pressure 
ratio in the top cycle releases potentially more enthalpy drop to 
be utilized in the steam cycle; a pressure ratio of 34 leaves 
38 % of the power to be produced in the steam cycle. This 
figure is typically 33 % for conventional NGCC and hence the 
steam cycle efficiency will have a somewhat higher impact on 
the total efficiency. A lower pressure ratio also reduces the 
power needed for O2 compression. 

To summarize; the design choice regarding the 
temperature into the HRSG is based on total plant efficiency, 
GT pressure ratio and the  temperature level through the GT 
stages, where additional cooling requirements are considered. 
Summarizing these aspects, the preferred choice is the case 
with a HRSG temperature of 620 °C, Figure 2. The temperature 
out of the flue gas condenser was considered in this 
investigation and will be further described in the following 
section.  

 Influence from GT Exhaust Temperature
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Figure 2: Influence of different HRSG temperatures 
on the OCC for a constant HP steam temperature of 

565°C 

TEMPERATURE OF THE RECIRCULATED FLUID  
It is common fact that the output from a GT (and NGCC) 
decreases as the ambient temperature increases. The inlet 
temperature is a design parameter for an OCC since there is a 
dedicated cooling plant (more correctly, a flue gas condenser). 
This means that the inlet temperature to the GT can be 
controlled. 

After the condenser only a small part corresponding to 
the CO2 and steam formed in the combustion is bled off for 
further treatment prior to final CO2 storage. The remaining part 
is cooled and dried before being recirculated back to the 
compressor inlet. Depending on the steam cycle configuration, 
number of pressure levels, reheat etc. the flue gas temperature 
after the HRSG varies from approximately 130 °C to 65 °C 
which is higher than what is preferable for the compressor inlet 
and therefore cooling is required. Recirculation of flue gases 
also introduces purification requirement and removal of 

impurities and moisture. The principle risk is concentration of 
detrimental substances that may be aggressive to the material as 
well as to prevent particles (e.g. soot) from clustering and 
plugging cooling holes.  

 
Figure 3: Flue gas condenser 

Table 3: Flue gas condenser 

Nr Description Note 

 Streams  

1 Flue gas inlet From HRSG 

2 Flue gas outlet To pre-heater & GT inlet 

3 Water outlet Condensed water 

4 Recirculated water  

5 Condenser spray  

6 Surplus water Bleed off surplus water 

7 External cooling inlet  

8 External cooling outlet  
   
 Aggregates  

9 Surface enhancing plates Increase the area for cooling 
and condensing 

10 Flue gas condenser Acts as a scrubber as well 

11 External cooler  

12 Water cleaner Cleaning a part stream of 
the water 

The cooling and cleaning of the flue gas prior to 
recirculation can be treated relatively simply with a flue gas 
condenser that also acts as a scrubber, (the number in brackets 
corresponds to Figure 3). The proposed design of this flue gas 
condenser is to have a wet cooling tower {10} where 
recirculated water is sprayed in at the top {5}, where it interacts 
with the counter-current upward-flowing flue gas that is cooled 
down and condensed. The flue gas is fed into the bottom of the 
tower {1}, flowing up through surface-enhancing plates {9} 
where it condenses and is cooled below its water dew point. At 
the bottom of the tower both the cooling water and the flue gas 
condensate are collected {3}, cooled in an external seawater 
condenser {11} and the main stream is recirculated back to the 
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spray nozzles {5}. The condensing of the flue gas also acts as a 
scrubber and the recirculated water needs to be passed through 
a water treatment plant {12} before being recirculated to the 
spray nozzles to ensure high water quality. Only a part stream 
should be fed through the water treatment for size reasons. The 
flue gas condensate is drained from the cycle in the flue gas 
condenser {6}. A schematic sketch of a flue gas condenser 
which has to be designed to prevent from water carry-over is 
shown in Figure 3 and Table 3. 

At the top of the flue gas condenser tower the flue gas is 
collected, {2}, led to a splitter where a part stream is bled off 
for CCS. The CO2 compression train consists of a series of 
compressors and water-cooled intercoolers. The remaining flue 
gas is then recirculated back to the compressor inlet via a heat 
exchanger that heats the flue gas, to reduce RH down to 80 %. 
The reason for this preheating, although it adds compressor 
work and costs heat, is to prevent water droplets and 
corresponding corrosion and erosion of the first stages of the 
low pressure compressor. Another reason for preventing 
compressor inlet condensation is that the condensed water 
droplets turn the compressor itself into an effective scrubber. 
This means that minute levels of impurities can be enriched on 
the blading, causing severe corrosion attacks. 

To evaluate the preferred temperature of the recirculated 
fluid, simulations covering the temperature range from 25 °C to 
80 °C were performed. To ensure that the correct GT pressure 
ratio was selected the condenser temperature span (25 °C to 
80 °C) was also included when exhaust gas temperatures from 
590 °C to 640 °C were investigated. In all the simulations the 
total OCC net power was kept at 125.0 MWnet by letting the 
GT’s exhaust mass flow vary (approximately between 245 to 
275 kg/s at GT outlet), see Figure 4 (d). The GT combustion 
outlet temperature (COT) was set to 1340 °C whilst the 
pressure ratio (and SAS flow) was allowed to vary. The results 
from this investigation are presented in Table 4 and Figure 4. 
HRSG temperatures (between 590 °C to 640 °C) other than 
620 °C were regarded as undesirable since there was no 
efficiency gain and other aspects such as cooling, cost etc. 
favored neither high nor lower temperatures. The total cycle 
efficiency varies from 47.04 at 25 °C to 47.21 at 60 °C and then 
drops to 46.90 at 80 °C. 

The preferred temperature of the recirculated flue gas 
from the condenser is dependent on a number of counteractive 
effects, the most important ones are: 

Increased Cooling 
1. Reduced steam content 

1.1. Reduced specific compressor work  

1.2. Reduces the heat load on the turbine hot section as the 
conductivity to viscosity ratio increases with water 
content. 

1.3. Reduces turbine heat drop that increases the required GT 
pressure ratio as H2O has a higher isentropic exponent 
than CO2. 

2. Colder GT inlet 

2.1. Reduced specific compressor work 

2.2. Reduction in cooling fluid temperature and 
corresponding required cooling mass flow to the turbine 
as compressor discharge temperature is reduced. 

2.3. Extended firing window (reduced compressor discharge 
temperature) and hence increased specific GT power 
(for constant gas composition).  

Reduced Cooling 
3. Less heat rejected from the cycle  

4. Reduced size of the flue gas condenser. 

All these points influence the cycle in one way or the 
other. Some of them reinforce each other while some 
counteract each other. 
Table 4: Effect on the OCC of condenser temperatures 

from 25°C to 80°C 

Section Unit

Flue Gas Condenser Temp [°C] 25 30 40 50 60 70 80

Net efficiency [%] 47.04 47.08 47.15 47.20 47.21 47.15 46.90

Efficiency [%] 49.68 49.74 49.85 49.96 50.07 50.17 50.25

No CO2 treatment

P [MW] 82.8 85.2 90.3 95.6 101.4 107.7 114.8

PR [-] 34.1 34.4 34.7 34.6 34.0 32.6 30.3

m [kg/s] 236.5 237.5 238.6 238.2 235.3 228.5 215.9

T [°C] 386.5 396.8 417.6 438.5 459.5 480.9 502.5

p [bar] 32.1 32.3 32.6 32.5 32.0 30.7 28.5

m [kg/s] 212.8 213.6 214.8 214.6 212.4 207.0 196.7

T [°C] 1340 1340 1340 1340 1340 1340 1340

V [m3/s] 22.8 22.8 23.0 23.6 24.7 26.6 30.1

Power turbine (inlet) temp [°C] 944 940 933 925 917 908 898

P [MW] 106.5 106.2 105.5 104.7 103.8 102.8 101.9

p [bar] 1.08 1.08 1.08 1.08 1.08 1.08 1.08

m [kg/s] 265 266 267 267 264 257 245

T [°C] 620 620 620 620 620 620 620

SAS* [wt-%] 24.76 24.67 24.52 24.40 24.33 24.34 24.48

m fuel [kg/s] 5.714 5.709 5.701 5.695 5.693 5.701 5.731

O2** [MW] 29.47 29.49 29.50 29.46 29.35 29.16 28.91

P [MW] 59.9 60.3 61.2 62.1 63.2 64.3 65.8

Q transferred in HRSG [MW] 163600 164700 167100 169700 172600 176100 180400

CO2 compression [MW] 7.01 7.05 7.15 7.31 7.56 8.00 8.93

H2O content*** [wt-%] 6.87 7.24 8.36 10.29 13.53 18.95 28.29

* percent of HPT inlet mass flow

Power turbine (outlet)

High pressure turbine (inlet)

Compressor (outlet)

**ASU production cost [kW/kg O2] + 

compression from ASU delivery pressure to combustor pressure

*** water content at Low Pressure Compressor inlet

Bottoming cycle

 

When increasing the cooling of the recirculated flue gas 
the gas properties change both regarding temperature and 
composition due to increased steam condensation. These effects 
reduce the specific compressor work i.e. more heat drop is 
available for the power turbine. With a colder compressor 
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working temperature, the temperature raise over the combustor 
is increased (given that COT is kept constant). However, less 
vapor content equals lower specific heat of the working fluid 
and hence less fuel is required to raise the temperature in the 
combustor per unit mass flow. A lower specific heat of the 
working medium also mean that more total mass flow is 
required for a given total plant power output, see Figure 4 (d). 
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Figure 4: Effect on the OCC of condenser 
temperatures from 25°C to 80°C 

The Secondary-Air-System (SAS) is affected by the 
condenser temperature due to the altering of the gas 
composition of the cooling flows, see Eq. (2). The fact that the 
SAS mass flow changes with changing working fluid also has a 
small impact on the pressure ratio. This is also due to the 
change in cooled turbine area generated by the differences in  
total volume flow between  the cases with high and low moist 
content in the re-circulated gas. 

Another remark is that there is a minor variation in the 
GT pressure ratio in the simulations in order to maintain the 
flue gas temperature to the HRSG inlet. The reason for this is 
that as the condenser temperature varies, so does the working 
fluid composition (primary the H2O content) and thereby the 

isentropic exponent (γ), see Figure 4 (e).  
Seen from the perspective of net efficiency there is no 

clear performance optimum, but the preferred range is between 

40 °C and 70 °C, see Figure 4 (a). This is not the only 
important parameter in an OCC design and considering 
performance, manufacturability, availability and working fluid 
composition the preferred choice of the recirculated working 
fluid is 60 °C. This temperature does not stretch the flue gas 
condenser or the compressor design too much and still the 
water content is maintained relatively low at compressor inlet 
(13.5 wt-%) which is preferred from both a GT cooling and a 
general mechanical strength perspective. The lowest 
temperature levels introduce an unfortunate cooling demand for 
the PT blading. The reason for this is the reduced specific 
compressor turbine work. This is not desirable from a design 
and robustness view since the PT should normally be designed 
for a longer life than the gas generator. 

The overall effect is that more cooling shifts the power 
production towards the gas turbine, see Figure 4 (b), (c). 
   
COMPRESSION OF CO2 

Simulation of the CO2 compression train is not within the scope 
of this work, however previous experience shows that several 
intercooling stages is to be preferred and the rejected heat is 
assumed not to be useful in the cycle, e.g. ENCAP and 
DECARBit suggested 3 stages with intercooling to 18 °C [11], 
[12]. A common approach is to specify the power consumption 
via a fixed cost in kW/kg wet CO2 e.g. the ENCAP project [11], 
suggested a cost of 340 kW/kJ wet CO2 for a delivery pressure 
of 110 bar. This method is not preferable in a study where the 
flue gas condenser temperature is investigated. This 
temperature has a direct influence on the wet CO2 stream’s 
mass flow and thus the assumed power consumptions even 
when the dry CO2 mass flow is constant. Instead, the first 
compressor stage and intercooling with H2O separation was 
included in the calculations, to 3.5 bar, 40 °C and 3.06 wt-% 
H2O and from this condition, which is identical for all cases, to 
a final delivery state of 140 bar a fixed power consumption of 
315 kW/kg wet CO2 was used. The figure is not arbitrarily set 
and reflects current technologies.  This cost excludes any 
treatment of impurities such as deoxidization that is necessary 
for Enhanced Oil Recovery (probably not required for other 
CCS technologies such as e.g. aquifer). Therefore, depending 
on the field of application for the CO2 stream, there is room for 
improvements and/or variations in plant performance. To 
demonstrate the performance cost for the CO2 treatment and 
enhance comparison of the cycle results, data for net cycle 
efficiency without CO2 treatment/compression are presented as 

well (ηnoCO2tre), Table 4.  
 
HRSG AND BOTTOMNING CYCLE DESIGN  
As for the common natural gas fired combined cycle (NGCC) 
the OCC utilizes a heat recovery steam generator (HRSG) to 
recover energy from the GT exhaust. The concept is virtually 
the same as for a conventional NGCC, but as the cycle is semi-
closed it would be possible to utilize a pressurized HRSG as 
suggested by Riethmann et al. [9] However, this will 
significantly add complexity and cost to the plant.  
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As was stated earlier in accordance with Bolland and 
Mathieu [7] and Yang et al. [3] the OCC has a rather flat 
efficiency optimum toward GT pressure ratio, see Figure 1. 
Therefore the pressure ratio was set to a lower value than would 
be optimum in an efficiency perspective. This reduced  
expansion in the GT, rendering a higher GT exhaust 
temperature for a fixed GT COT, and that relatively more 
power is produced in the bottoming cycle. With a higher 
exhaust temperature the need for multiple pressure levels is 
reduced. This is in accordance with the externally fired 
combined cycle which typically only utilizes one pressure level. 
The basic explanation for this is that when more energy is 
available above the evaporator pinch-point more steam is 
produced and hence the water flow through the economizer is 
higher. With a larger economizer flow more energy can be 
extracted below the pinch-point which is fixed for all design 
cases using the same evaporator pressure. 

The major difference in the bottoming cycle from the 
conventional combined cycle is the flue gas properties of the 
OCC. First of all the density is higher, which will have a slight 
positive effect on the heat transfer compared to a convectional 
HRSG. Secondly, instead of nitrogen the OCC flue gas contains 
a large amount of CO2 which is a more aggressive substance;, 
however it is not likely that under the prevailing circumstances 
this will require more expensive materials in the HRSG. More 
important for the layout and design of the bottoming cycle is 
that the specific heat (cp) of the flue gas differs non-linearly 
compared to the conventional combined cycle. 
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Figure 5: Specific heat (cp) vs. temperature for the 
OCC flue gas (solid line) and the conventional 

combined cycle (dashed line) 

Figure 5 shows that in the high temperature part of the HRSG 
the specific heat of the flue gas for the OCC is higher and hence 
more energy is available here. However, at lower temperatures 
the specific heat of the OCC drops and becomes significantly 
lower compared to the conventional combined cycle. This 
behavior will actually make it easier to achieve a high HRSG 
efficiency as the major limiting factor for good heat recovery is 

the economizer i.e. the low temperature part of the HRSG. The 
mass flow in the steam cycle is set by the amount of energy 
available in the evaporator and this mass flow is the only 
available heat sink in the economizer. If the specific heat is 
lower here the exit temperature of the flue gas will be lower 
according to Eq.3, 4. 
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For a single-pressure HRSG working below the gas turbine 
with 620 °C exhaust gas temperature (EGT), the HRSG exit 
temperature will be approximately 10 °C lower compared to 
flue gas produced by a typical air-breathing GT with the same 
EGT (132 °C vs. 141.5 °C). The corresponding figure for a 
dual-pressure HRSG is 6.5 °C (73.5 °C vs. 80 °C). For this 
particular case the power output is 7 % higher for the OCC 
steam cycle in the dual-pressure case and 8 % for the single-
pressure case. The reason for the higher output is that more 
steam is produced in the high-pressure evaporator. The 
advantage is slightly less in the dual-pressure case since the 
conventional combined cycle produces more steam in the low-
pressure part. This corresponds to what was expected from 
figure 3. 
 
SUMMARY OF PREFERRED CYCLE LAYOUT 
The suggested 125 MWnet OCC is shown in Appendix 1. It 
comprises a gas turbine using a combustor outlet temperature of 
1340 °C and a pressure ratio of 34. This pressure ratio is 
somewhat lower than the optimum from an efficiency point of 
view; however the reduced pressure ratio significantly eases the 
compressor complexity. A lower pressure ratio makes more 
energy available for the bottoming cycle. For the proposed 
cycle 38 % of the power output is produced in the steam cycle 
which is higher than for the conventional combined cycle 
where typically 1/3 of the power is produced in the bottoming 
cycle.  

The recirculated flue gas is cooled to 60 °C; further 
cooling will remove more moisture which is positive but it also 
rejects more heat from the cycle. The cooling is performed in a 
water scrubber which also will clean the gas stream.  

The OCC flue gas behaves differently compared to the 
conventional combined cycle. In the HRSG the specific heat is 
higher at high temperatures while it is less at low temperatures. 
The result is that an OCC will achieve a better heat recovery 
compared to the conventional combined cycle. The advantage 
is smaller for multi-pressure steam cycles. 

 

OCC 

NGCC 
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DISCUSSION & CONCLUSION 
The Semi-Closed Oxyfuel Combustion Combined Cycle is a 
competitive concept towards a CO2 free and environmentally 
friendly power production. In order to gain market acceptance, 
the design has to provide competitive performance, robustness 
and simplicity – for maximum costumer value.  It is also 
important to understand the market demand in terms of 
operability as this will have a major impact on the GT 
configuration concept and combustor design.  

The optimum pressure ratio for the current cycle is 
found at about 45; however, the optimum is rather flat and 
choosing a pressure ratio of 34 only penalizes the cycle by 0.16 
efficiency points. The lower pressure ratio renders a high 
exhaust gas temperature at 620 °C. This level is high but still 
within current last-stage design practice. It also provides a good 
opportunity for easy upgrades in the future by raising the HP-
ST live steam temperature towards 590-600 °C, or by steam 
reheat.  

It has been shown that in an efficiency perspective it is 
not preferable to cool the recirculated exhaust gases as far as 
possible (dictated by the heat sink). For this particular cycle the 
efficiency optimum is found at 60 °C. It is advantageous to 
design the scrubber/exhaust gas condenser with an overcapacity 
that will allow further cooling to handle peak loads.  

Another finding is that the gas properties of OCC are 
well suited for the bottoming cycle. Compared to the 
conventional combined cycle more energy is available in the 
high-temperature region while the opposite is true in the low-
temperature parts. The consequence is that a single-pressure 
bottoming cycle will achieve better HRSG efficiency than the 
standard combined cycle but the benefit is less for multiple 
pressure plants. 
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APPENDIX 1

 
 

Figure 6: OCC plant layout 
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Table 5: Summary of main parameters  
for the OCC concept 

Temperature, pressure and mass flow 

Nr T [°C] p [bar] m [kg/s] 

1 63.76 0.991 235.1 
2 246.0 6.50 235.1 
3 460.2 33.9 183.7 
4 1340 32.1 212.5 
5 1074 13.8 243.9 
6 917.1 6.89 260.9 
7 620.0 1.08 263.9 
8 507.7 --- --- 
9 322.7 --- --- 
10 206.7 --- --- 
11 205.2 --- --- 
12 159.8 --- --- 
13 66.20 1.04 263.9 
14 60.00 1.04 235.1 
15 460.2 33.9 51.40 
16 30.00 1.20 23.10 
17 576.2 33.4 23.10 
21 565.0 100 45.41 
22 288.1 13.7 45.41 
23 31.00 0.0450 51.51 
24 31.00 0.0450 51.51 
25 31.00 4.00 51.51 
26 105.0 1.21 67.22 
27 58.40 1.21 67.22 
28 61.30 13.5 74.95 
29 146.9 5.00 74.95 
30 151.8 5.00 30.52 
31 151.9 5.00 6.104 
32 180.7 4.33 6.104 
33 149.0 108 45.41 
34 309.8 105 45.41 
35 314.0 105 315.6 
36 314.8 105 45.41 
37 566.2 103 45.41 
40 15.00 30.0 5.694 
41 120.0 37.1 5.694 
42 85.00 5.00 7.736 
43 60.00 1.01 10.56 
44 60.00 1.04 18.24 
45 184.4 3.50 18.24 
46 40.00 3.50 16.75 

 

 
 
 
Power [MWel] 

Nr Power [MWel] 

50 103.8 
51 63.16 

 
Composition [wt- %] 

Nr CO2 H2O N2 Ar O2 
1 84.28 9.004 2.811 3.800 0.1086 
4 80.09 12.94 2.690 3.636 0.1039 
7 80.91 12.64 2.700 3.648 0.1042 
44 84.28 9.004 2.811 3.800 0.1086 
46 91.79 0.8939 3.062 4.139 0.1182 
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Concept for a Combustion
System in Oxyfuel Gas Turbine
Combined Cycles
A promising candidate for CO2 neutral power production is semiclosed oxyfuel combus-
tion combined cycles (SCOC-CC). Two alternative SCOC-CCs have been investigated
both with recirculation of the working fluid (WF) (CO2 and H2O) but with different H2O
content due to different conditions for condensation of water from the working fluid. The
alternative with low moisture content in the recirculated working fluid has shown the
highest thermodynamic potential and has been selected for further study. The necessity to
use recirculated exhaust gas as the working fluid will make the design of the gas turbine
quite different from a conventional gas turbine. For a combined cycle using a steam Ran-
kine cycle as a bottoming cycle, it is vital that the temperature of the exhaust gas from
the Brayton cycle is well-suited for steam generation that fits steam turbine live steam
conditions. For oxyfuel gas turbines with a combustor outlet temperature of the same
magnitude as conventional gas turbines, a much higher pressure ratio is required (close
to twice the ratio as for a conventional gas turbine) in order to achieve a turbine outlet
temperature suitable for combined cycle. Based on input from the optimized cycle calcu-
lations, a conceptual combustion system has been developed, where three different com-
bustor feed streams can be controlled independently: the natural gas fuel, the oxidizer
consisting mainly of oxygen plus some impurities, and the recirculated working fluid.
This gives more flexibility compared to air-based gas turbines, but also introduces some
design challenges. A key issue is how to maintain high combustion efficiency over the
entire load range using as little oxidizer as possible and with emissions (NOx, CO,
unburnt hydrocarbons (UHC)) within given constraints. Other important challenges are
related to combustion stability, heat transfer and cooling, and material integrity, all of
which are much affected when going from air-based to oxygen-based gas turbine com-
bustion. Matching with existing air-based burner and combustor designs has been done
in order to use as much as possible of what is proven technology today. The selected sta-
bilization concept, heat transfer evaluation, burner, and combustion chamber layout will
be described. As a next step, the pilot burner will be tested both at atmospheric and high
pressure conditions. [DOI: 10.1115/1.4027296]

Introduction

It is envisaged in the EU 2050 energy roadmap (published by
the European Commission in Dec. 2011) that energy supply from
electricity is assumed to grow significantly until 2050. It is also
stated that 97–99% of electric power production from fossil fuels
must be equipped with CO2 capture by 2050.

The opportunities for near-term implementation of low and
zero-emission fossil fuel power generation using carbon capture
and storage (CCS) is emerging in niche markets. This is primarily
motivated by regulations following a growing awareness regard-
ing the potential impact of climate-change and partly the opportu-
nities for use of carbon dioxide (CO2) with enhanced oil recovery
(EOR). However, there remain significant technology, engineer-
ing, investment, and political barriers that need to be overcome

before CCS can be accepted as commercially mature for the
power generation industry and the finance community.

One of the three main routes for CCS is the oxyfuel route. The
literature regarding gas fired oxyfuel power plants is mainly refer-
ring to semiclosed oxyfuel combustion cycles and a modified
Graz cycle variant [1]. SCOC-CC are promising candidates for
CCS power plants due to their relative simplicity compared to
other carbon capture cycles and their independence of chemicals.

These cycles are well suited for all types of pure hydrocarbon
fuels such as natural gas and for gasified biomass or coal (syngas).
The concept mainly includes turbomachinery equipment well known
to utility companies and excludes chemical industry equipment.

A drawback of the oxyfuel concept is the need for an air separa-
tion unit (ASU) for the generation of oxygen. The ASU generates
both high investment cost and a large foot print, and it also con-
tributes significantly to a reduction in plant net efficiency due to
its high energy consumption. However similar types of drawbacks
appear in close to all other CO2 capture concepts, e.g., post
combustion capture concepts with monoethanolamine (MEA)
scrubbing.
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This paper presents results from a feasibility project called
OXYGT (oxyfuel gas turbine combined cycle), the objective of which
is to investigate the performance of a proposed commercial SCOC-
CC in the 125 MW range. The objectives for the OXYGT phase 1 are
(1) to assess the market potential for the oxyfuel technology including
the produced CO2, (2) to assess the technical and economic perform-
ance of the oxyfuel engine, and (3) to prepare for a demonstration of a
natural gas fired oxyfueled gas turbine in a pilot plant. The overall
objective for the whole oxyfuel project (phase 1–3) is to develop a
natural gas fired oxyfuel combined cycle power plant concept (CCPP)
for demonstration in a commercial scale power plant.

The development work in the project phase 1 is based on opti-
mization of two slightly different oxyfuel power plant concepts
with the aim to select one of them as a starting point for develop-
ing a concept for a combustion system in the selected SCOC-CC.
The project is carried through in a partnership between a turbine
manufacturer (Siemens), an engineering company (Nebb Engi-
neering), two partners representing research institutes and aca-
demia (SINTEF, Lund University), and the funding organization
Gassnova.

Oxyfuel Plant Concept

The main idea behind oxyfuel cycles is to avoid mixing carbon
dioxide with nitrogen (N2), which complicates the carbon capture
process. By using pure oxygen (O2) instead of air in the combus-
tion process, the combustion products can be reduced to mainly
steam (H2O) and CO2. CO2 can then be separated by simply con-
densing the steam downstream of the heat recovering unit.

The oxygen is generated in an air separation unit. There are three
main techniques used in air separation units: cryogenic, membrane,
or adsorption. For large scale O2 generation, a cryogenic process is
presently the only feasible choice, even if ionic transport mem-
brane (ITM) based pilot plants are in operation today. It should be
noted that with a cryogenic process, argon cannot be separated. A
cryogenic process means that the gas components are separated by
condensation at low temperatures obtained in a refrigeration pro-
cess. In a cycle perspective, there might be possibilities to integrate
the ASU process with the compression of CO2 after the power
plant. To reach the high pressures of the CO2 (100–200 bar depend-
ing on storage conditions) and low temperatures that are required
for final storage, the CO2 will first be compressed to condensation
pressure and then pumped to the final pressure.

It should be emphasized that oxyfuel power cycles are only suita-
ble for carbon capture power plants and will never be able to com-
pete with conventional power plant cycles in terms of efficiency and
cost of electricity if CO2 is not taxed or utilized as a commodity.

The SCOC-CC consists of a topping Brayton cycle and a bot-
toming Rankine cycle and has, therefore, obviously many similar-
ities with a regular combined cycle power plant. This makes the
SCOC-CC a promising candidate for carbon capture and storage
due to its relative simplicity compared to other CCS concepts. It
is mainly the topping gas turbine and the working fluid that differ
from a conventional CCPP plant. First of all, the WF in the cycle
is mainly CO2 and H2O (diluted with small amounts of O2, Ar,
and N2). Secondly, the combustion chamber is operated close to
stoichiometric conditions with pure oxygen as the oxidizer. The
combustion product that consists of CO2 and H2O expands
through the turbine. The turbine cooling is provided with a CO2/
H2O mixture as coolant extracted from the compressor.

The pressure ratio of the oxyfuel gas turbine is much higher
(about 40) compared to a conventional combined cycle gas tur-
bine (about 18) due to the relatively low specific heat ratio for
CO2. The heat recovery steam generator (HRSG) does not differ
from the one in a regular CCPP in other ways than that the WF is
CO2/H2O instead of flue gas, nor does the steam cycle.

The Oxyfuel Combustion Combined Cycle

The first of the two investigated and optimized semiclosed
oxyfuel combustion combined cycles is very similar to a

recirculated conventional combined cycle. It is named the oxyfuel
combined cycle and has got the acronym OCC (see Fig. 1). The
main difference, except from the working medium, is that the
compression is mechanically divided into two compressors with
different rotational speeds to manage to keep up efficiency for all
compressor stages and to prove good working condition for the
driving turbines. This solution is triggered by the high pressure
ratios needed and the low speed of sound in the working medium.

After the HRSG, the exhaust gas is cooled below the dew point
of H2O generating a liquid stream of water. The main part of the
exhaust gas is recirculated to the compressor inlet, and the rest is
bled off for treatment to export conditions. The bleed stream is
compressed, intercooled, and separated into CO2 and water, and
the CO2 is pumped to final storage pressure. Since the working
medium is cooled down below the dew point of H2O before the
recirculation, the compressor has to be protected from erosion of
the inlet stages by reduction of the relative humidity in the stream.

The recycled gas will have a moisture content of about 15 vol.
% before the condensation, and 7 vol. % after the condensation.
This cycle has been simulated for two turbine inlet temperature
(TIT) levels, 1340 �C and 1420 �C, but the following is mainly
describing the 1340 �C version.

The High Moisture Oxyfuel Combustion Cycle

The second investigated and optimized semiclosed oxyfuel
combustion cycle is named the high moisture oxyfuel cycle and
has got the acronym HMOC (see Fig. 2). This is a slightly more
advanced cycle compared to the OCC but still similar to a recircu-
lated conventional combined cycle plant. There are two main dif-
ferences compared to the OCC:

(1) There is no cooling/condensation after the HRSG, but
instead an intercooler is placed between the two compres-
sors. This has three effects: first it will keep a high effi-
ciency for all compressor stages, and second it will reduce
the compressor work. Further, water is condensed out in the
intercooler at elevated pressure, which enables utilization
of the condensation energy in the bottoming Brayton cycle.

(2) The bleed is located between the compressors, generating a
higher inlet pressure for the CO2 compressor train. This
saves at least one stage in the CO2-compressor train.

The recycled gas will have a moisture content of about 40 vol.
% before the condensation and 36 vol. % after the condensation.

Method

The method used for the investigation and comparison of the
two SCOC-CC cycles was to simulate them at a detailed level
using process simulation tools (Siemens in-house tool KRAWAL
that is used for tender calculations of combined cycle power
plants, and the commercial tool HYSYS). First the plant boundary
conditions and the performance characteristics of the individual
components were specified for a fair comparison. Then the two
cycles were simulated and optimized individually for maximum
efficiency and manufacturability and compared to decide which
concept would be the preferred choice for design regarding turbo-
machinery and combustor.

Results

Compressor Data. Compressor data are shown in Table 1.
For the OCC cycle, results from two slightly different design
concepts are provided to show the tradeoffs in performance
for an enhanced turbomachinery design of the gas turbine.
The difference between these cycles is the gas turbine exhaust
temperature, which is either 590 �C or 630 �C, referred to as
OCC 590 and OCC 630.

It is seen that the HMOC compressor power requirement for
generating an outlet pressure around 40 bar is higher than in the
OCC 590 case, despite the latter having a higher outlet pressure
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and that the HMOC compressor is intercooled. The main reasons
for this high power consumption are probably that the compressor
inlet temperature in the HMOC cycle is much higher, since no
external cooling has been applied to the gas stream prior to the
low pressure (LP) compressor inlet, and that the moisture content

is relatively high due to the high media pressure and temperature
in the cooling/extraction part of the cycle. Since the HMOC com-
pressor is intercooled, one would expect that the required com-
pressor power would be lower than for the OCC compressor.
However, this could perhaps be partly offset by the fact that the

Fig. 1 Layout of the OCC

Fig. 2 Layout of the HMOC

Table 1 Compressor data

HMOC OCC 590 OCC 630

GT compressor power (MW) 108.45 104.18 87.73

Compressor outlet pressure (bar) 10 (after compr 1) 46.99 34.69
40 (after compr 2)

Compressor outlet temperature (�C) 358 (after compr 1) 460.5 418.8
311 (after compr 2)

Compressor inlet temperature (�C) 98 (compr 1) 43–44 43–44
136 (compr 2)

Mass flow rate (kg/s) 230.1 (compr 1) 242.0 228.5
198.8 (compr 2)
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HMOC compressor also performs part of the CO2 compression
work that in the OCC is performed by the CO2 compression train.

In the HMOC cycle, the bleed stream is extracted after the
intercooler between the compressors, where the moisture content
in the working fluid also is controlled. The water mole fraction in
the LP compressor is 0.403 whereas in the high pressure (HP)
compressor it is reduced to 0.359. The mass flow difference in the
simulated case is 31.3 kg/s, which means that 31.3 kg/s excess
water in the gaseous phase are compressed from atmospheric pres-
sure to 10 bar in the LP compressor. This generates additional
compressor work to be compensated for by the utilization of the
heat of vaporization in the Rankine cycle.

The temperature in the cooling/extraction part of the OCC cycle
should be >40 �C. The heater in front of the LP compressor raises
the temperature to 43–44 �C, i.e., significantly lower than for the
HMOC cycle. The slight preheating of 3–4 �C is included in order
to reduce the relative humidity of the inlet stream down to 80% to
avoid condensation in the compressor inlet.

Power Generation Data. Power generation data are shown in
Table 2. As seen, the steam turbine power is more than 10 MW
higher in the HMOC cycle than in any of the two OCC cycles due
to utilization of the heat of vaporization in the Brayton cycle.
Another effect of this is that the LP steam mass flow becomes
very high in the HMOC cycle generating problems to use a one
casing steam turbine train.

Oxygen Production Data. The ASU power is slightly higher
and the O2 compression power is slightly lower for the HMOC
than for the OCCs, but there is no significant difference in the
auxiliary power consumption for the different cycles (cf. Table 3).

Oxyfuel Plant Concepts: Discussion and Conclusions

The preferred design of the SCOC-CC is the OCC cycle work-
ing with a flue gas temperature entering the HRSG of 630 �C. The
OCC has clearly higher efficiency than the HMOC without any
clear disadvantages in either design complexity or cost. The
reduction in efficiency by changing the HRSG entry temperature
from 590 �C to 630 �C is more than well-compensated by the
enhancement in the turbomachinery design. The main reason for
the lower efficiency of the HMOC ought to be found in how the
cycle concept affects the gas turbine compressor work in addition
to the lower temperature of the WF entering the combustion
chamber. The choice of the design parameters for these cycles is
triggered mainly by the following reasons:

• High pressure ratios are needed for this type of cycle but the
experience of high pressure ratios is limited.

• The efficiency versus pressure ratio gradient in the OCC
cycle is not that steep, and a high oxyfuel turbine exhaust gas
temperature can in the future be, to some extent, compen-
sated for by high steam turbine inlet temperatures, around
600 �C. In this study, the live steam temperature was re-
stricted to 565 �C due to present limitations of live steam
temperature for this size of steam turbines.

• High pressure ratio also generates higher working media
mass flow, which indicates that the specific work output is
going down as pressure is increased.

A pressure ratio of about 35 is chosen as the most favorable for
the future development of this concept. This generates a plant effi-
ciency slightly below 48%. This is, according to the reasoning
above, a suitable design point for the cycle, which limits the leaps
in technology for an implementation of these ideas into hardware.

The increase in TIT from 1340 �C to 1420 �C emphasizes the need
for really high pressure ratios, and still the Brayton cycle exhaust
temperature tends to become too high to be efficiently utilized in the
bottoming cycle. The increase in efficiency is very limited compared
to the increased cost of the equipment and the increased maintenance
of the Brayton cycle gas path parts. Designing the cycle for very
high pressure ratios (about 50) for TIT 1420 �C is not justified by the
gain in efficiency. Higher Brayton cycle TIT must include more
innovative cycle solutions to be justified.

Some of the arguments from the OCC results are also valid for
the HMOC. A pressure ratio of about 40 is chosen as the most
favorable for the future development of the HMOC concept. This
generates a plant efficiency slightly below 42%.

The opening statement that oxyfuel power cycles are only suitable
for carbon capture plants and will never be able to compete with
conventional power plant cycles in terms of efficiency is still valid.
The calculated efficiency for the OCC close to 48% still keeps the
question open if there is a market for this type of plant if CO2 is a
commodity. To generate such relatively high plant efficiencies from
an oxyfuel power plant, the Brayton cycle equipment ought to be
designed for a pressure ratio in the range of 35–40 combined with a
TIT of 1340 �C. Design parameters in that range generate favorable
plant performance if future developments of power plant equipment
for this type of concepts are pursued. This statement is of course
linked to the validity of the prerequisites. If breakthroughs in tech-
nology affecting the prerequisites are performed, these assumptions
may change. To generate a better established view on the possibil-
ities regarding this type of plant, the next step ought to be a more
thorough investigation of the conditions in the rotating equipment
regarding gas path design.

Combustion Concept

The aim of the present work on the OXYGT combustion concept
is to develop a design basis on how to arrange the different streams
into the combustor matching both the requirements of flame stabil-
ity, temperature level, and heat transfer, as well as complying with
the relevant emission requirements. This is done using thermody-
namic and chemical kinetic analysis both on a global basis and by
reactor network representation of the combustor.

The combustor of the OXYGT gas turbine will have three inlet
streams; the fuel which in the present work is natural gas, the
working fluid from the compressor consisting mainly of CO2 and
H2O recycled from the exhaust, and the separate oxidizer stream
from the ASU consisting mainly of oxygen. This means that a
new burner and combustor concept have to be developed. The
three-stream configuration seems to be more complicated than in
the air-case. On the other hand, it also provides more freedom
with respect to injection, mixing, and combustor operation over
the gas turbine load range.

Combustion behavior studies relevant to the OXYGT gas tur-
bine have been done theoretically using thermodynamic and
chemical kinetic numerical tools (e.g., Refs. [2,3]), as well as
experimentally at small scale (e.g., Refs. [4,5]). From these stud-
ies, some main challenges can be highlighted.

Table 2 Power generation

HMOC OCC 590 OCC 630

Power turbine power (MW) 98.54 106.6 101.0
Power turbine inlet temperature (�C) 879 912.3 948.8
Steam turbine power (MW) 70.46 55.28 58.57
HP steam pressure (bar) 66 95.0 92.0
HP steam mass flow (kg/s) 26.8 39.8 43.8
LP steam pressure (bar) 2.7 4.59 8.0
LP steam mass flow (kg/s) 74.0 7.23 4.42
Plant Net efficiency (%) 41.9 48.1 47.9

Table 3 Oxygen production data

POWER (MW) HMOC OCC 590 OCC 630

ASU power 17.57 16.65 16.72
O2 compression power 11.82 14.05 12.34
Sum 29.39 30.70 29.06
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First, the combustor should preferably operate close to stoichio-
metric conditions in order to save costly oxygen. This may result
in improper fuel burn-out and excessive CO emissions. This near
stoichiometric combustion requirement is a large difference com-
pared to traditional air-based gas turbines, which operate at large
O2 excess.

Next, the reactivity and flame stability in the primary zone are
affected and will be highly dependent on the local ratio of oxygen
to CO2. The reactivity of a combustible mixture can be evaluated
by the laminar flame speed SL. As shown in Ref. [4], the laminar
flame speed for stoichiometric combustion of methane in an O2/
CO2 mixture is just around 10 cm/s when the volumetric O2 con-
centration is as for air. This is only one-fourth compared to
methane-air and implies higher possibility of poor flame stability.
In order to achieve the same flame speed as for the air-case, the
oxygen concentration in the O2/CO2 mixture has to be raised to
about 38 vol. %. However, this also increases the adiabatic flame
temperature to about 2110 K, being 160 K above the methane-air
value. The challenge appears to be the trade-off between exces-
sive local temperature and flame stabilization. Optimal design will
need different oxygen/working fluid ratios in the different com-
bustor zones in order to match the different temperature and stabi-
lization requirements.

Further, in order to save energy in the ASU, the oxidizer stream
will contain small amounts of impurities (N2 and Ar). Nitrogen,
combined with the possibility of local high temperatures in the
flame zone, may generate thermal NOx.

Finally, the heat transfer will be altered. The emissive power of
the combustion products in oxyfuel combustion will be about five
times higher compared to the air case. Heat transfer analysis of
the gas turbine hot gas path [6] shows that for a SCOC-CC case at
pressure ratio 40 and with recirculation after condensation, ther-
mal radiation increases with 30% compared to a natural gas fired
CCPP case at pressure ratio 17. The convective heat transfer may
also be affected, depending on the final combustor design with
respect to flow conditions, velocities, and cooling schemes.

Combustor Representation and Simulation Tools

A schematic diagram of the model combustor is shown in
Fig. 3. In the present combustion analysis model, the WF from the
compressor can be split in three streams. One stream a1 is going
through the burner together with fuel and oxidizer. The stream a2

is also fed to the primary zone while stream a3 is the main dilution
stream fed downstream the primary zone. One main target of the
analysis is to evaluate the ratio between these WF streams.

The arrows a1, a2, and a3 show the positions of the WF streams
into the combustor. In addition, they are distributed evenly around
the combustor circumferentially. The composition of the WF
streams used in the combustion calculations is as given in Table 4.
It contains mostly CO2 plus some small amount of water vapor,
argon, nitrogen, and a minor amount of oxygen. The arrow into
the center of the burner shows the inlet position of the fuel stream.
Its composition, as used in the combustion calculations, is given
in Table 4. The fuel stream contains mainly methane with smaller
amounts of ethane, propane, and nitrogen. The oxidizer stream
inlet is indicated with an arrow, and its composition is given in

Table 4 as well. In addition to oxygen, it contains some smaller
amounts of nitrogen and argon.

The oxyfuel combined cycle was the preferred alternative from
the cycle analysis, and data only for this cycle will be presented. In
addition a base case has been analyzed to check the influence of the
WF temperature and the effect of combustor pressure. For simplic-
ity, this base case is run with pure CO2 as WF as shown in Table 4.

The pressure and TIT deviate somewhat from the final opti-
mized values in the cycle analysis. The combustion study has
used preliminary data from the thermodynamic cycle analysis (37
bar/1400 �C) instead of the data from the optimized cycle analysis
(34 bar/1340 �C) as the optimized cycle data were not available
when the combustion calculations were started. It has been shown
by a parametric variation on pressure and WF dilution that these
deviations have no significant influence on the conclusions of the
combustion analysis.

In the present report, the CHEMKIN-PRO combustion calculation
package [7] has been used to calculate combustion properties. The
software uses idealized homogeneous reactors as the basis. Inho-
mogeneity, flow effects, and incomplete mixing will not be
reflected in the results. However, the results will give a good rep-
resentation of the chemical kinetics and flame temperatures. By
arranging several reactors in a reactor network, it is possible to
mimic the combustor in a better way.

As a chemical kinetic reaction mechanism, the GRI-Mech 3.0
[8] has been used. It consists of 325 reactions and 53 species and
is one of the most widely used mechanisms for gas combustion.

Basic Combustion Properties

The adiabatic flame temperature Tad and the laminar flame
speed SL are seen as the two most important combustion parame-
ters with respect to evaluating the trade-off between flame temper-
ature and flame stability. In the air-case, these parameters are
commonly presented as a function of the mass of air to the mass
of fuel ratio (AFR), which is a measure of the flame dilution.

In the present work, an equivalent term for oxyfuel combustion
has been defined as the mass of the WF plus oxidant to the mass
of fuel (mWFþmOX) / mF. This term is named WOF ratio (WF
plus oxidant to fuel) and analogous to the AFR. As long as the ox-
ygen is supplied at least in stoichiometric proportion, the addi-
tional oxygen and WF act as a diluent to the flame in terms ofFig. 3 Schematic model of the combustor

Table 4 Inlet streams to the combustor section

Item Unit OCC Base cases

Fuel stream
CH4 vol. % 92.6 92.6
C2H6 vol. % 4.5 4.5
C3H8 vol. % 2.2 2.2
N2 vol. % 0.7 0.7
Temperature �C 10 10
Oxidizer stream
O2 vol. % 95.0 95.0
N2 vol. % 2.0 2.0
Ar vol. % 3.0 3.0
Temperature �C 333 40
WF stream
CO2 vol. % 90.3 100
H2O vol. % 1.8 0
Ar vol. % 5.1 0
N2 vol. % 2.7 0
O2 vol. % 0.06 0
Temperature �C 422 25/400
Combustion chamber
Pressure bar(a) 37 (34a) 1/5/2010/30/40
TIT �C 1400 (1340a) —
Equivalence ratio – 0.995 1.0
O2 excess vol. % 0.5 0

aOptimized cycle value.
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thermodynamics, whether it is CO2 and H2O in the oxyfuel case
or N2 in the air case. The stoichiometric amount of oxygen for the
fuel in Table 4 is 3.90 kgO2/kgfuel. The difference between the
AFR and WOF ratio in order to achieve equal value of some com-
bustion property is just a consequence of the different properties
of the diluting components, e.g., such as CO2 having higher heat
capacity than N2.

The laminar flame speed SL and adiabatic flame temperature
Tad for the base case are shown in Figs. 4 and 5 as function of
combustor pressure and WF inlet temperature versus dilution rep-
resented by the WOF ratio on the abscissa axis. In these calcula-
tions, the combustor is treated as a perfectly stirred reactor (PSR)
without any flow splits.

For equal dilution and WF temperature, the laminar flame speed
decreases with increasing pressure. Therefore, the oxyfuel case
follows the general trend known from air-based systems. The dif-
ference in flame speed between the high and low pressure
decreases when the WOF is increased. The flame speed difference
between the 30 bar and the 40 bar cases is generally very small
and in principle negligible at the higher WOF ratios.

The adiabatic flame temperature shows an increase with pres-
sure for equal dilution and WF temperature. Also, here the differ-
ence between the 30 bar and 40 bar cases is very small and
vanishes more or less completely at the higher WOF ratios.

Combustor Flow Estimates From the Basic Properties

The laminar flame speed and the adiabatic flame temperature of
the OCC case are shown in Fig. 6 as a function of dilution (WOF
ratio). In this case, the pressure is 37 bar and both the WF and the
oxidizer streams are at elevated temperatures as given in Table 4.
The equivalence ratio is kept constant at 0.995 so the variation in
WOF ratio is only caused by variation in the amount of WF.

A representative gas turbine air case is also shown in the same
figure as a function of AFR. The lower AFR point of 33.5 repre-
sents a lean primary flame zone, and the high AFR point of 41.8
represents the combustor outlet conditions. The fuel composition
is the same as for the OCC case.

A first estimate on the WF flow split for the OCC combustor
has been made based on a comparison between the adiabatic flame
temperatures and the laminar flame speeds of the OCC case and
the air case. First, the amount of dilution to the OCC combustor
primary zone (a1þ a2 in Fig. 3) is found from the requirement of
having the same laminar flame speed as the primary zone of the
air case as indicated by the arrows in the lower part of Fig. 6. This
will, however, create a much higher temperature compared to the
air case but is nevertheless chosen as a starting point. The addi-
tional WF to be fed to the dilution zone (a3 in Fig. 3) is decided
from the requirement of having the same outlet temperature as the
air case as indicated with arrows in the upper part of Fig. 6.

The results of this estimation are summarized in Table 5. Some
important design issues can be highlighted: First, the WF split to
the dilution zone (a3 in Fig. 3) should be about half (0.52) of the
total WF to the combustor.

Fig. 4 Laminar flame speed for the base case as a function of
dilution with working fluid

Fig. 5 Adiabatic flame temperature for the base case as a func-
tion of dilution with working fluid

Fig. 6 Adiabatic flame temperature (above) and laminar flame
speed (below) for the OCC case as a function of dilution with
working fluid and comparison with relevant data from an air case

Table 5 Combustor flow estimates

Air case Oxy case

Power input (fired heat) MW 260 260
Fuel heat content (LHV) MJ/kg 48.3 48.3
Fuel mass flow kg/s 5.4 5.4
Combustor pressure bar a 22.75 37.0

Air mass flow to PZ kg/s 179.9 —
Working fluid mass flow to PZ kg/s — 86.4
Oxidizer mass flow to PZ kg/s — 22.3

Burnt mixture leaving PZ kg/s 185.2 114.1
Burnt mixture leaving PZ m3/s 43.9 15.3

Dilution stream (a3, air or WF) kg/s 45.0 94.8
Air for dilution/air total — 0.20 —
WF for dilution/WF total — — 0.52

Burnt mixture leaving combustor kg/s 230.2 208.8
Burnt mixture leaving combustor m3/s 48.9 19.3
Burnt mixture density kg/m3 4.7 10.8
Burnt mixture sound speed m/s 789 633
Burnt mixture Prandtl number — 0.81 0.86
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The volumetric flow into the primary zone is much smaller for
the OCC case than the air case. This may affect aerodynamics
such as sizing of swirl and recirculation. The volumetric flow of
burnt mixture out of the primary zone is just above one-third of
the air case. The total volumetric flow out of the combustor is less
than half of the air case.

It should be noted that the results from these estimates are
highly dependent on the prerequisites made, the most important
one being the laminar flame velocity in the primary zone (PZ).
However, this calculation gives several insights into the complex-
ity of converting a gas turbine from air to oxyfuel mode as exem-
plified below.

Even though the volumetric flow for the OCC case is much
smaller than the air case, it does not necessarily imply a consider-
able reduction in size. One interesting exercise is to look at the
Reynolds number at the combustor outlet for the air and OCC
case in Table 5. The dynamic viscosity is nearly the same; about
5.9� 10�5 for both streams. If, as an example, the Reynolds num-
ber were to be kept constant for the two cases it would imply that
(V * D)OCC¼ 0.43 * (V * D)air, where V is the flow velocity and
D is the related flow diameter. The constraint giving equal Reyn-
olds number for these two cases will then be DOCC¼ (Dair/0.43) *
(VFOCC/VFair), where VFOCC and VFair are the volumetric flows
in the oxyfuel combined cycle case and the air case, respectively.
For the volumetric flows given at the combustor outlet (i.e., “burnt
mixture leaving combustor” in Table 5) this means that
DOCC¼ 0.92 * Dair. Therefore, the flow diameter for the OCC
case should be only marginally smaller than for the air case if the
Reynolds numbers were to be equal. In this case, the velocity of
the OCC case must be about half of the air case meaning that the
residence time will increase, something which may be beneficial
for fuel and CO burn-out.

Under the constraint of equal Reynolds number, the Mach num-
ber for the OCC case would be just 58% of the air case at the com-
bustor outlet. In order for the Mach numbers to be equal, the OCC
diameter should be 0.7 times the air value. Because of the lower
sound speed in the OCC case, the velocity will of course still be
lower than the air case, but the Reynolds number will be about
31% higher.

The convective heat transfer coefficient increases with both the
Reynolds and Prandtl number. An increase in Reynolds number
would, thus, mean that the convective heat transfer would increase
since the Prandtl numbers are fairly equal. This increase will add
to the possible increase in thermal radiation.

Reactor Network Calculations

A reactor network setup of the model combustor configuration
in Fig. 3 was made in the CHEMKIN-PRO package. This gives a better
representation of the combustor than one single PSR since the
flow and chemistry interaction will be more realistic. The reactor
network representation is shown in Fig. 7. The fuel, a share a1 of
the WF and most of the oxidizer stream (75%) are fed to a near
burner mixing zone with short residence time. This zone is mod-
eled as a PSR. A small portion (30%) of recirculated hot gas from

the flame zone is also fed back to the mixing zone. Next follows
the main flame zone, which is also modeled as a PSR. Here, the
rest of the oxidizer is fed together with the share a2 of the WF and
70% of the recirculated hot gas. 20% of the gas leaving the flame
zone reactor is sent back as hot gas recirculation. Thereafter the
dilution zone follows where the share a3 of the WF is injected. No
streams enter after the dilution zone. The next zone is a post dilu-
tion zone modeled as a plug flow reactor (PFR). Finally, the flow
in the turbine stages is included in the model in order to take into
account any slow chemistry. Since CO burn out is expected to be
challenging in oxyfuel combustion due to the high concentrations
of CO2, the additional residence time in the turbine can affect the
final composition at the gas turbine outlet. The turbine PFR has a
gradual pressure and temperature decrease down to the turbine
outlet conditions of about 630 �C and nearly atmospheric
pressure.

The network calculations were done for a large range of WF
splits with the purpose to find optimum values from an emission
point of view and to verify whether these values match the esti-
mated value of the a3 share of about 0.5 found in the Combustor
Flow Estimates From the Basic Properties section. The different
values of a3 calculated are 0.15, 0.25, 0.40, 0.60, and 0.80. For
each of these a3 values, the share between a1 and a2 were varied
so that a1/(a1þ a2) went from 0.05 to 0.95.

For some cases, with low a1 there is a very rapid ignition al-
ready in the mixing zone and the temperature immediately
becomes very high. Except from this the results clearly indicate
that the share between a1 and a2 is of minor importance compared
to the variation in a3. The rest of the results are, therefore, only for
the cases where a1 and a2 are equal so that a1/(a1þ a2) is 0.5. For
the species concentrations only the results downstream the dilu-
tion zone are shown. Then all the feed streams have entered the
combustor and the concentrations are directly comparable. Con-
centrations are given as ppmv (parts per millions volumetric)
without standard corrections as is normally done for air-based
cases.

Figures 8 and 9 show the temperatures and CO concentrations.
A high amount of WF in the primary zone (low a3) gives low tem-
peratures in the mixing and flame zone. On the contrary, a low
amount of WF to the primary zone (high a3) causes excessively
high temperature in the flame zone. The CO in the dilution zone
becomes high and so does the O2 concentration (not shown here).
As discussed in Ref. [1] this is probably due to the increased im-
portance of the dissociation reactions of H2O and CO2 at high
temperatures, which results in higher emissions of CO and O2. In
addition this high flame zone temperature generates a considerable
amount of NOx, the level being around 800 ppm at the outlet.

The case that seems to give the best results is the one with a3

equal to 0.4. It shows the lowest CO values, the temperature in the
mixing zone indicates more rapid ignition than the other cases,
and the flame zone temperature is below 1800 �C. The NOx con-
centration at the outlet (not shown here) is only about 2 ppm.
Even though this case provides the lowest CO emission among

Fig. 7 Reactor network representation of the model
combustor

Fig. 8 Temperature through combustor and turbine as a func-
tion of the working fluid share a3 to the dilution
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the cases calculated here, the actual value of about 500 ppm is still
rather high. In addition, the CO value is not at a stationary level at
the outlet of the combustor and some CO oxidation continues
through the turbine. This is not desirable.

Better CO burn-out can be achieved with higher O2 excess. The
case of a3¼ 0.4 has been run again but now with different oxygen
excess, ranging from 0.5 vol. % to 5.2 vol. % (equivalence ratio
from 0.995 to 0.95). In addition, the total amount of WF has been
slightly increased in order to reduce the TIT from about 1400 �C
as in the former case down to about 1340 �C, which is the value
from the more optimized cycle.

The results are shown in Fig. 10. First, the increase in total WF
contributes to a slight decrease in both temperature and CO as
seen from the curves that are comparable with the results of Fig. 8
and Fig. 9 (excess O2 equal to 0.5 vol. %). Next, the increase in
O2 excess reduces the CO significantly and less CO burn-out is
happening in the turbine. However, the reduced CO comes at the
cost of increased O2 production in the ASU and O2 emissions.

It should be noted again that the present calculations use ideal-
ized homogeneous reactors and the effects of inhomogeneity and
incomplete mixing will not be captured. In the real case, it is
likely that such effects will be present to some degree and most
probably contribute to increased CO emissions. The combustion
calculation package used in the present work (CHEMKIN-PRO) does
have the possibility to use nonhomogeneous reactors where
incomplete mixing can be taken into account through mixing
models and choice of mixing parameters. This is a sensitivity
study on its own and has not been included in the present paper
but is relevant for further work.

Overall Combustor Geometry

The concept of the test combustor incorporates features that
have been gained from rules used in Siemens for design of gas tur-
bine combustors. Similar design principles will be applied for
both testing in the HP test rig at SINTEF and in an anticipated
continuation in a project Phase 2 in a small scale gas turbine pilot
plant at Lund University. Overall, the design scheme of the test
combustor is shown in Fig. 11, which also shows the flow path of
the working fluid.

The basic features of the OXYGT combustor are as follows:

• burner with radial swirler: swirl number close to the critical,
i.e., the flame will be stabilized by the central recirculation
zone

• fuel is injected through fuel pegs in the inlet to the radial
swirl generator

• secondary fuel is injected axially in the center of the burner
• oxidizer (O2) is mixed with the WF in a dome upstream the

swirl generator with the help of a flow conditioner for a ho-
mogeneous mixture

• cylindrical combustion chamber (can or silo) with a smooth
expansion (quarl) between the burner outlet and the flame
tube

• combustor liner is cooled with the dilution portion of WF (a3)
by convection

• the dilution WF enters the hot gas duct in the transition part,
which is also a mechanical connection to the outlet duct in
the test rig and to the turbine nozzle guide vane in the pilot
turbine

Combustion Concept: Discussion and Conclusions

The OXYGT combustion concept has first been evaluated
by a simplified approach matching the laminar flame speed
and the adiabatic flame temperature of the oxyfuel case with
a relevant reference air case. The results show that the WF
split should be 0.48/0.52 through the burner and for dilution,
respectively. In this case, the volumetric flow of burnt mix-
ture out of the primary zone is just above one-third of the
air case whereas the total volumetric flow out of the combus-
tor is less than half of the air case.

Fig. 9 CO, O2, and NOx concentration as a function of the
working fluid share a3 to the dilution zone

Fig. 10 CO and O2 concentration as a function of oxygen
excess for the case with a3 equal to 0.4
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Reactor network calculations have been done to evaluate tem-
peratures and emissions. In this analysis, it is found that the WF
split should be around 0.6 through the burner and 0.4 for dilution.
The flame zone temperature is below 1800 �C, and the NOx con-
centration at the combustor outlet is only about 2 ppm. A higher
WF share through the burner would reduce the flame zone temper-
ature further, but the laminar flame speed will then be low and
flame stability will be affected.

CO burn-out is very dependent on the O2 excess. At an O2

excess of 0.5% compared to stoichiometric value, CO is 600
ppmv at the combustor outlet and 400 ppmv at the turbine outlet.
At an O2 excess of 5.2% the CO values are 43 and 20 ppmv at
combustor and turbine outlet, respectively. In this case, a lot of
extra O2 has to be produced in the ASU, being costly in terms of
efficiency loss.

It should be noted that in the oxyfuel case, the exhaust is not
liberated to air but will go to storage or be used for EOR. There
will be other requirements on the composition and values have
been provided both from the Dynamis project [9] and from NETL
[10]. The values from the reactor network analysis fall generally
well within the given limits except for the CO limit given by
NETL and for the O2 concentration if the stream is to be used for
EOR. The CO limit given by NETL is 35 ppmv and is just the
time weighted average concentration. This seems to be a very
stringent limit for the concentration within a pipeline since any
leakage will be diluted, which is used as methodology by Dyna-
mis. The Dynamis requirement of 2000 ppmv CO will be of no
problem according to the reactor network analysis.

A schematic design of the OXYGT combustor has been pro-
vided. The burner will be swirl stabilized by radial swirlers, and
there will be a cylindrical combustion chamber (can or silo) with
a smooth expansion between burner outlet and the flame tube. The
combustor liner is to be cooled with the dilution portion of the
WF by convection. The next step will be to manufacture a
burner–combustor arrangement that will be tested both at atmos-
pheric and pressurized conditions in a dedicated oxyfuel test
facility [11].

Summary and Conclusions

The results from the cycle comparison show that the more
straight forward OCC cycle with low steam content has a clearly
higher efficiency (�48%) without any clear disadvantages in ei-
ther design complexity or cost than the more advanced HMOC
cycle with high steam content in the WF that generates a lower ef-
ficiency (�42%). The preferred design for the SCOC-CC is the
OCC cycle working with a flue gas temperature entering the
HRSG of 630 �C. There is a slight reduction in efficiency (0.2%)
in the OCC by changing the HRSG entry temperature from 590 �C
to 630 �C, but this is more than well compensated for by the
enhancement in the turbomachinery design.

The main reason for the lower efficiency of the HMOC ought
to be found in how the cycle concept affects the gas turbine

compressor work, in addition to the lower temperature of the WF
entering the combustion chamber. The LP compressor work is
increased due to the higher temperature level at the compressor
inlet and the ballast steam that is condensed and extracted after
the LP compressor.

These drawbacks are not fully compensated by the reduced
power consumption in the CO2 compression train, the HP com-
pressor, and the power generated from the heat of condensation in
the LP steam cycle.

The general conclusion from this oxyfuel cycle comparison is
that the OCC seems more promising from a number of reasons
and that the future combustion development will be concentrated
on this cycle.

The OXYGT combustor concept has been evaluated both by a
simplified approach using laminar flame speed and flame tempera-
ture of an air case as basis and by more refined reactor network
analysis using the CHEMKIN software package. The results indicate
that the WF share going to the burner should be in the range
0.5–0.6, while the rest is used for dilution downstream of the pri-
mary flame zone. This WF fluid split gives the best compromise
between flame zone temperature, flame zone laminar flame speed,
and flame stability as well as emission levels. NOx emissions are
low, about 2 ppm, while the CO emissions are very much depend-
ent on the O2 excess. An O2 excess of 0.5% compared to stoichio-
metric value gives CO emissions of 400 ppm while an excess of
5.2% gives 20 ppm. This additional O2 will imply higher duty on
the ASU, which is costly in terms of efficiency.

The exhaust will be subject to storage or EOR. Compared to
requirements and guidelines given by the EU project Dynamis
and NETL of the US, the present numerical reactor network anal-
ysis falls generally well within the given limits except for the CO
limit given by NETL and for the O2 concentration if the stream is
to be used for EOR.

A schematic design of the OXYGT combustor has been pro-
vided. The burner will be swirl stabilized and there will be a cylin-
drical combustion chamber. The combustor liner cooling will be
provided by the dilution portion of the WF by convection. The
next step will be to manufacture a burner and combustor arrange-
ment that will be tested both at atmospheric and pressurized con-
ditions in a dedicated oxyfuel test facility.
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Nomenclature

AFR ¼ air/fuel ratio
ASU ¼ air separation unit

Fig. 11 Overall design features of the OXYGT test combustor
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a1, a2, a3 ¼ stream split of WF
CCPP ¼ combined cycle power plant

CCS ¼ carbon capture and storage
D ¼ diameter (m)

EOR ¼ enhanced oil recovery
GT ¼ gas turbine

HMOC ¼ high moisture oxyfuel cycle
HP ¼ high pressure

HRSG ¼ heat recovery steam generator
ITM ¼ ionic transport membrane
LHV ¼ lower heating value (kJ/kg)

LP ¼ low pressure
m ¼ mass (kg)

MEA ¼ monoethanolamine
NOx ¼ nitrogen oxide
OCC ¼ oxyfuel combined cycle

OX ¼ oxidant
OXYGT ¼ oxyfuel gas turbine cycle feasibility project

PFR ¼ plug flow reactor
ppmv ¼ parts per millions volumetric

PSR ¼ perfectly stirred reactor
PZ ¼ primary zone
Q ¼ specific heat flow (kW/kg)

SL ¼ laminar flame speed
SCOC-CC ¼ semiclosed oxyfuel combustion combined cycle

T ¼ temperature (�C)
TIT ¼ turbine inlet temperature (�C)

UHC ¼ unburnt hydrocarbons
V ¼ velocity (m/s)

VF ¼ volumetric flow (m3/s)
WF ¼ working fluid

WOF ¼ ratio working fluid plus oxidant to fuel ratio

Subscripts

ad ¼ adiabatic
air ¼ air stream
L ¼ laminar

OCC ¼ oxyfuel combined cycle
OX ¼ oxidant
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ABSTRACT  

A number of CCS-technologies are currently being 
developed for the reduction of CO2 emissions from thermal 
power stations. One such technology is the oxyfuel process, in 
which a mixture of CO2 and steam is used as the working 
medium. The semi-closed oxyfuel combustion combined cycle 
(SCOC-CC) is an oxyfuel cycle where the working medium 
mainly consists of CO2 (85-95%).  

Current practice is to design turbomachinery using 1D and 
2D flow tools, which primarily rely on loss models derived 
from experiments with air. For the oxyfuel case, the losses are 
hence extrapolated from air to a CO2/ steam mixture, which can 
have adverse effects on the accuracy of the loss model. 

Therefore, the applicability and accuracy in using profile 
loss correlations derived with air when changing the working 
medium to the oxyfuel like environment of pure CO2 was 
investigated. The reason that 100% CO2 was chosen as the 
working medium and not a CO2/ H2O mixture is that the water 
content present is relatively low and varies from case-to-case. 
Hence, a general water content could not be specified that was 
relevant for all cases. The study was done with typical 
compressor and turbine airfoils using a steady-state Navier-
Stokes’ 3D flow solver. This solver type can resolve the 
boundary layer (y+ of about unity) rather than relying upon a 
boundary layer equation, - hence eliminating the latter as a 
source of error. 

The hypothesis was that the profile loss depended on the 
viscosity, and that amendments to the viscosity would affect the 
profile loss. This trend was observed, e.g. when changing the 
working medium from air to CO2, the profile loss coefficient 
(Yp) for the compressor was reduced with 25% and for the 
turbine with 6%, respectively. 

A slight difference in profile loss for an individual 
cascade was found when changing the working medium from 
air  to CO2. Theoretically, this difference leads to an increased 
mismatch of the stages downstream even at design point, and 
thus increases the losses and reduces the stability. However, the 

difference in profile loss is relatively small at the design point, 
and thus it is the authors' opinion that the practical effect will 
be quite small. Therefore, it is considered safe to use loss 
correlations derived from air for design point calculations even 
when the working medium is CO2. However, there is a certain 
risk involved that air- based loss models are not capable of 
predicting the behavior over the full operating range, as the 
boundary layers risk to behave in a different manner. 

Another aspect that was considered is how the wet surface 
area (physical size) of a turbomachine performing the same 
work (m· h0) will change between the two gases. This is 
important as the total profile loss in a whole compressor or 
turbine is directly proportional to this change. The conclusion 
was  that  the  total  wet  area  would  increase  by  some  20%  for  
CO2 compared to air. 

 
Keywords: CO2, profile loss, oxyfuel, SCOC-CC, CCS  
 
NOMENCLATURE  

A Speed of sound [m/s] 
BL Boundary layer 
CCS Carbon capture and sequestration 

Cd 
Dimensionless boundary layer dissipation 
coefficient [-] 

cp Specific heat at constant pressure [kJ/kg·K] 
EGR Exhaust gas recirculation 
h Specific enthalpy [kJ/kg] 
M Molecular mass [g/mol] 
m Mass flow [kg/s] 
Ma Mach number [-] 
P Pressure [bar] 
PR Pressure ratio [-] 
S Entropy generation [kJ/K] 
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s Specific entropy generation [kJ/kg·K] 

SCOC-CC Semi-closed oxyfuel combustion 
combined cycle 

T Temperature [K] 
TR Temperature ratio [-] 
u* Friction velocity [m/s] 
V Volume [m3] 
ws,Area Specific work capacity per unit area [kJ/m2·s] 
x, y, z Cartesian coordinates 
Y Distance from wall [m] 
y+ Non-dimensional wall distance [-] 
Yp Pressure based profile loss coefficient [-] 
  
SUBSCRIPT 

0 Total 

in 
Inlet/ upstream in the relative frame to the 
blade. E.g. stationary for a stator and 
relative to a blade. 

out 
Outlet/ downstream in the relative frame to 
the blade. E.g. stationary for a stator and 
relative to a blade. 

Irrev Irreversible 

Chord Blade chorda  
 
GREEK SYMBOLS 

Isentropic exponent [-] 
Density [kg/m3] 
Kinematic viscosity [m2/s] 
Dynamic viscosity [Pa·s] 

wall Wall shear stress [Pa] 
Free stream 
Mass flow displacement thickness [-] 
Momentum flow displacement thickness [-] 
Thermal conductivity [W/m·K] 
 

INTRODUCTION 
The world is now entering an era where there is a large 

focus on managing global warming. To accomplish this, a key 
aspect is to reduce the man-made carbon dioxide emissions by 
using CCS technologies. Therefore several organizations 
around the world are developing oxyfuel technology to 
demonstrate its suitability and gain market acceptance [1], [2]. 

One such promising technology is the oxyfuel combustion 
process, wherein the fuel is combusted with pure oxygen to 
produce mainly carbon dioxide and water. This technology is 
commonly referred to as oxyfuel, or more specifically as e.g. a 
SCOC-CC [3] or a Graz cycle [4] when the technology is used 

in the context of a gas turbine. The process is “semi-closed” 
since the surplus carbon dioxide is, after condensation, 
extracted for after-treatment and final compression.  

The SCOC-CC process is similar to an ordinary combined 
cycle process since it is using a conventional steam bottoming 
cycle. In the toping cycle, on the other hand, the working 
medium consists of mainly CO2, some steam, and minor traces 
of other no condensable gasses. The CO2/ H2O ratio varies 
slightly depending on the setup of the power plant, i.e. the 
condensing temperature of the recirculated medium.  

This working medium mixture is indeed very different 
from the medium in a conventional gas turbine. Therefore the 
applicability and accuracy in using profile-loss correlations 
derived with air when changing the working medium to the 
oxyfuel like environment of pure CO2 was investigated. The 
reason that 100% CO2 was chosen as the working medium and 
not  a  CO2/H2O mixture is that the water content present is 
relatively low and varies from case-to-case. Hence, a general 
water content could not be specified that was relevant for all 
cases. Regarding the profile losses in turbomachinery design, 
with steam as the working medium, there is also a substantial 
amount of knowledge to acquire from design of steam turbines. 

 Previous studies have shown that, even when proper 
dimensionless numbers are being used in the characteristics, 
there is a certain difference in the behavior for different 
medium and its associated isentropic coefficients [5], [6]. R. 
Canepa and A. Satta [7] conducted numerical studies on the 
influence from exhaust gas recirculation (EGR). In their study, 
they found that the current turbomachinery components would 
still function well with 40% EGR. However the change in 
working medium composition with 40% EGR is far less then 
what present in an SCOC-CC, and the exact influence on the 
efficiency could not be drawn from this as the non-dimensional 
parameters of the stages were allowed to change with gas 
composition. In other studies, it has been concluded that there 
is for certain a need to conduct new designs of the 
turbomachinery when changing working medium as severely as 
from air to CO2 [8].  

 All new designs of a turbomachinery equipment start 
with a process simulation to establish the overall design 
parameters for each gas turbine component. After this, the next 
step is to commence with a 1D and 2D aerodynamic design 
before being carried into the subsequent blade-to-blade 
environment, quasi 3D and finally, full 3D Navier-Stokes’ 
solvers. Today it is still safe to state that most flow path 
features like stage loadings, flow coefficients, reaction, number 
of blades, wall hade angles, etc., are set very early in the design 
phase. Once the initial design phase has been completed, it is 
indeed costly to introduce any major changes to the design. The 
reason for this is that the detailed design, stress analysis and 
cooling design have commenced. It is therefore important that 
the initial 1D and 2D calculations are of a sufficiently high 
quality to ensure the right decisions are made at the start. 
Again, it is safe to claim that some 80 percent of the design is 
carried out in the first 20 percent of the time – hence a need for 
accurate loss models.  
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The 1D mid-span and the 2D through-flow solvers rely on 
correlations for predicting the losses and flow deviation. These 
correlations have historically been derived primarily from 
experimental tests (cascade tests) and secondarily from 
numerical calculations and test compressors/ turbines. These 
experiments have been carried out by utilizing air, and in some 
cases even steam or flue gas, as the working medium.  

Some of the more prominent correlations are e.g. 
Dunham & Came [9], Kacker & Okapuu [10], Craig & Cox 
[11], Denton [12], Mamaev [13] and Wright and Miller [14]. 
This implies that there is a need to validate if these 1D/ 2D 
correlations are applicable to other gases as well, (e.g. CO2), to 
ensure that the design can be optimized in 1D and 2D.  

These correlations are, to a large extent, based on 
dimensionless numbers with the intention to make them 
universal. They are also derived using simplifications and 
assumptions that may render in problems when extrapolating 
into another working medium. Their validity has been 
investigated by examining the profile loss for different gas 
compositions. The invested gases were air, CO2 and two fictive 
gasses modeled with either a high- or low dynamic viscosity, 
whilst keeping all other properties as for regular CO2. The main 
gas properties for these gases are seen in Table 1-2. 

 
Table  1:  Summary  of  the  main  gas  properties  in  the  
compressor  

Compressor at 70°C, 1 bar Air CO2 
High  

Viscosity 
Low  

Viscosity 

Molar mass (M) (g/mol) 28.96 44.01 44.01 44.01 

Specific gas constant (R)   (J/kg·K) 287.11 188.92 188.92 188.92 

Density ( ) (kg/m3) 1.02 1.55 1.55 1.55 

Speed of sound (a) (m/s) 371 286 286 286 

Specific Heat (cp) (kJ/kg·K) 1.009 0.893 0.893 0.893 

Isentropic coefficient ( )               (-) 1.400 1.274 1.274 1.274 

Dynamic viscosity ( ) Pa·s) 20.60 17.08 100.0 0.10 

 

 
Table 2: Summary of the main gas properties in the turbine 

Turbine at 1000°C, 10 bar Air CO2 High  
Viscosity 

Low  
Viscosity 

Molar mass (M) (g/mol) 28.96 44.01 44.01 44.01 

Specific gas constant (R)   (J/kg·K) 287.11 188.92 188.92 188.92 

Density ( ) (kg/m3) 2.71 4.15 4.15 4.15 

Speed of sound (a) (m/s) 697 532 532 532 

Specific Heat (cp) (kJ/kg·K) 1.186 1.295 1.295 1.295 

Isentropic coefficient ( )              (-) 1.320 1.172 1.172 1.172 

Dynamic viscosity (  Pa·s) 50.56 48.66 100.0 0.01 

 

To assess the influence on the total profile loss in a 
turbomachine conducting the same total work with either air or 
CO2 as working medium, the change in the physical component 
area facing the working medium (wet area) should be 
considered. This wet area is important as the total profile loss is 
directly proportional to this change. The wet area can be 
considered as proportional to the cross section area facing the 
working medium, hence used in the investigation. 

 
THE LOSS MECHANISM 

This section gives a brief summary of the basic theory 
behind the loss mechanisms in the flow field. A common way 
to define efficiency, or rather its opposite, that is the loss, is to 
consider the entropy generation due to irreversible processes.  

The entropy generation is always positive (or zero) when 
considering the whole system involved. A justifiable 
assumption is that a turbomachine can be considered to be an 
adiabatic process, i.e. the entropy generation can be simplified 
to depend only on the internal irreversible heat generation from 
kinetic energy dissipation by viscous shear, (Eq. 1) [15]. This 
mechanism is behind the more general processes concerned in 
turbomachinery flow, namely, viscous dissipation, mixing, heat 
transfer and shock waves. 

 
Entropy generation per unit area in an adiabatic boundary 
layer 

 

x
xy
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0
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0

 Eq. 1 

 
The loss generation in the boundary layers of a turbulent 

flow occurs mainly in the inner BL region and to a minor extent 
in the outer BL region. That is because the velocity gradient 
and associated shear stress is considerably higher close to the 
wall (0  y+  250) and thus of great importance to the losses 
[15]. 

Denton [12] (1993) showed that a boundary layer 
dissipation coefficient (Cd) can be defined as shown in Eq. 2. 
Denton further proposed that Cd is proportional to Re -1/6 in 
turbulent flows and in the order of 0.002. This enables the 
entropy generation and the associated loss to be calculated for a 
known velocity profile. 

 
Dimensionless boundary layer dissipation coefficient per unit 
area 

3U
STC irrev

d  Eq. 2 

 
The entropy generation results can be summed into a total 

pressure loss, which historically is what has been measured in 
experiments. The pressure-based profile loss is defined 
according to Eq. 3-4, depending on whether a compressor or 
turbine cascade is considered. The reference frame is relative to 
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the component considered, e.g. in the stationary frame for a 
stator and the relative frame for a rotor.  
 
Pressure loss coefficient, compressor 
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Pressure loss coefficient, turbine 
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It is interesting to note that the denominator scales directly 

against both Mach number squared and the isentropic 
coefficient. One can thus expect that for an isentropic Mach 
number profile, the lower isentropic coefficient for CO2 will 
lead to a higher pressure loss coefficient (Yp). 

 
METHOD 

Geometry: The approach in this study was to design 
typical mid-span sections for both a compressor and a turbine 
airfoil by using in-house 2D blade-to-blade generation 
programs. These 2D sections were designed carefully to obtain 
aerodynamic profiles of high quality that were representative 
for respective turbomachinery component. 

 

N
or

m
al

ize
d 

ta
ng

en
tia

l c
ho

rd
 (L

E 
to

 T
E)

 

 

Ise
nt

ro
pi

c M
ac

h 
nu

m
be

r [
-] 

 Normalized axial chord (LE to TE)  

Figure  1:  A  typical  section  for  a  compressor  cascade  and  its  
corresponding isentropic Mach number obtained from a 
Mises solver (red suction-side, blue pressure-side). Air as 
working medium 

The compressor was designed to represent a typical 
second stage compressor vane with consequently a relatively 

high inlet Mach number (0.75- 0.80). The relatively high inlet 
Mach number makes it appropriate to design the blade with a 
weak shock close to the blade leading edge, in order to leave 
space for the controlled diffusion process towards the trailing 
edge. The cross section of the 2D compressor section is seen in 
Fig. 1 together with its isentropic Mach number profile. A 2D 
plot over the isentropic Mach number is seen in Fig. 2. This 2D 
plot of the compressor is obtained from a Mises solver which is 
a 2D blade-to-blade solver developed by Mark Drela, at MIT 
[16]. The small velocity discontinuity is due to the shock.  

 

 

Figure 2: 2D Mach number profile of the compressor 
operating with air obtained from a Mises solver  
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Figure  3:  A  typical  section  for  a  turbine  cascade  and  the  
corresponding isentropic Mach number obtained from a 
Navier-Stokes´ solver (red suction-side, blue pressure-side). 
Flue gas as working medium 

 

A typical LP turbine section can be seen in Fig. 3, 4 where 
the isentropic Mach number for conventional flue gas is shown. 
This 2D plot of the turbine is obtained from a 2D blade-to-
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blade Navier-Strokes’ solver. This subsonic turbine cascade, 
with a moderate inlet temperature (1000°C) and pressure (10 
bar(a)), represents a typical low pressure or power turbine inlet 
guide vane. These sections were then extruded to straight 3D 
cascades in order to simulate a traditional linear test cascade 
where the flow is primarily two-dimensional. 

 
Mesh: The cascades were imported and meshed in 

Turbogrid™ version 14.5 [17]. The focus was to generate a 
high-fidelity mesh (y+ on the order of unity) in the 2D blade-to-
blade plane as the studied flow phenomena occur in this x- -
plane. The mesh was a structured mesh of quadrilaterals/ 
hexahedral cells (Fig. 4 and 5).  

 

 

Figure 4: 2D mesh of the turbine cascade 

 

 

Figure 5: 3D mesh of the turbine cascade 

The major part of the differences between the working 
medium was expected to be the viscous shear loss occurring in 
the inner boundary layers close to the blade. In order to capture 
this effect, no boundary layer equations (or wall functions) 
were used. Instead, the boundary layer was resolved down to 
the viscous sublayer by refining the mesh down to a y+ on the 
order of unity along the blade (Fig. 6, 7), and from there 
applying a gradual expansion ratio of the mesh.  

The  mesh  in  the  radial  span-wise  direction  (r-axis)  was  
coarser and the boundary layer at the end-walls (hub and 
casing) was not quite as finely resolved as these regions were 
excluded in this study. 

In Figure 6-7, the mid-span variation in y+ over the blades 
is shown for the different gases. The figures show that the 
boundary layer was sufficiently resolved for air, CO2 and the 
high-viscosity case (y+ read at  left  y-axis).  This means that  for 
the same mesh, the fictive low-viscosity case has y+ values 
about a factor of 100 to 1000 larger (see y+ at the right y-axis in 
figure 6, 7).  
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Figure 6: Variation in y+ over  the  blade  mid-span for the 
compressor obtained from CFX solver. Solid line suction-side, 
dotted line pressure-side. 
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Figure 7: Variation in y+ over  the  blade  mid-span for the 
turbine obtained from CFX solver. Solid line suction-side, 
dotted line pressure-side. 
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The reason for this is that y+ is  defined  as  the  ratio  of  
friction velocity times the distance to the wall over the 
kinematic viscosity, and is therefore inversely proportional to 
the viscosity according to Eq. 5.  

The friction viscosity is defined as the square root of the 
ratio of the wall shear stress ( wall ) to density ( ), Eq. 6. This 
implies that when the viscosity approaches small numbers 
(close to zero), an impracticable fine mesh would be required to 
achieve y+ in the order of unity. At these very low values of the 
viscosity, the flow is approaching an inviscid flow with 
infinitely thin boundary layers and an associated minimal 
viscous loss. 

 
Non-dimensional wall distance y+ 

/
* yuy  Eq. 5 

 
Friction velocity u* 

wall

wallu*  Eq. 6 

 
Pre-processor and flow solver setup: The pre-processor 

and flow solver used was CFX 14.5 [17], and the gas properties 
were from NIST REFPROP [18] using their standard 
recommended set of equations. The setup of the boundary 
conditions was consistent with the design condition used for 
creating the profile of the 2D sections. The total pressure, total 
temperature and turbulence intensity etc., were kept constant 
for all cases.  

The blade surface was simulated as a smooth adiabatic no-
slip surface while the end-walls were simulated as smooth 
adiabatic free-slip surfaces. The reason for the free-slip 
condition was to avoid disturbing the 2D flow field neither with 
secondary flow effects nor with corner stall. 

In order to keep the same flow field (e.g. isentropic Mach 
number), the inlet- and exit-Mach numbers were held constant 
for the compressor and turbine, respectively. The rationale 
behind this approach was to be able to compare with the loss 
models. One could argue that this is only one part of the issue 
and that one could instead consider keeping the Reynolds 
number constant. The Mach number approach, however, is 
more like a real design case. Most organizations have design 
recommendations and it is quite common to e.g. favor turbine 
designs at relative exit Mach numbers close to 0.9. The loss 
coefficient itself will typically have the minimum loss at a 
relative exit Mach number slightly less that unity. The 
influence (such as row entropy rise) is a function of the Mach 
number squared, and it is therefore beneficial to design for the 
mentioned level. A lower value will result in a lower loss level 
at the expense of an expensive turbine with increased stage 
count.          

 

Post-processing: The  data  were  post-processed  in  CFX-
post 14.5 [17]. The results of particular interest are the 
pressure-based loss coefficients (Yp). One question, however, 
was then how to calculate the loss in an accurate and 
comparable manner. The chosen approach was to create a 
tangentially narrow section at the mid-span of a cascade, far 
away from interfering secondary- and clearance-flows. The 
properties (e.g. pressure, Mach number) were mass-average 
weighted over these sections.  

One can argue against this method, simply due to the fact 
that the streamlines skew radially from the inlet to outlet. 
Hence, not exactly the same streamlines were passing through 
both sections. As the streamline skew between the suction- and 
pressure side was moderate, and as this method is similar to the 
traditional method that was used in a set of experiments, has led 
to use of this method.  
 

Cross section flow area: The influence from the working 
medium on the cross section area was investigated through a 
theoretical approach. The approach was to derive an equation 
describing how the effective cross section flow area has to 
changes to obtain the same change in mass flow times total 
enthalpy  drop  (  m· h0). This equation considers both the 
change in mass flow for a constant cross section area and the 
change in potential enthalpy drop with pressure ratio. The 
derivation was based on isentropic flow relations and 
conducted for constant values of Mach number, and finally 
evaluated for with typical low pressure turbine values.  
 

RESULTS 
Pressure loss coefficient: The variations in dynamic 

viscosity for air and CO2 with respect to the temperature are 
shown in Fig. 8. The two graphs follow each other fairly well 
so that the absolute difference (2.1- to 3.6- 10-6 Pa·s) is quite 
constant over the entire temperature range.  
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Figure 8: Variation in dynamic viscosity ( ) for CO2 and air with 
temperature at 10 bar(a) 
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This relatively constant absolute difference leads, on the 
other hand, to the relative difference varying more and 
increasing at the lower temperature range. As an example, the 
variation in relative difference ranges from 20% at 0°C down to 
4% at temperatures above 1000°C.  

This leads one to expect to see a greater impact on the 
profile loss operating at low temperatures, as present naturally 
in a compressor compared to a turbine. 
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Figure 9: Variation in specific heat (cp)  for  CO2 and air with 
temperature at 10 bar(a) 

 The variation in specific heat (cp) as a function of 
temperature at 10 bar(a) is shown in Fig. 9 for air and CO2, 
respectively. The specific heat temperature dependency was 
quite different compared to the viscosity. The specific heat (cp) 
values showed a rather large variation, and the lines even 
intersected at approximately 300°C.  
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Figure 10: Isentropic Mach number at compressor blade mid-
span  for  the  four  different  cases,  air,  CO2 high viscosity and 
low  viscosity  obtained  from  CFX  solver. Solid line 
suction-side, dotted line pressure-side. 

The isentropic Mach number over the compressor blade is 
shown in Fig. 10. The intention here was to maintain the same 
inlet Mach number and hence the velocity profile for all gases. 
The velocity profiles are similar but some minute spread can be 

seen, e.g. a slight variation in peak Mach number at the throat. 
Theses variations are primarily due to the minor differences in 
how much the boundary layer is growing due to the gas 
properties, which affects the effective flow area. The main 
parameters for the compressor cascade are summarized in 
Table  3  where,  e.g.,  the  profile  loss  for  the  different  gases  is  
seen. 

Table 3: Summary of the main result parameters for the four 
gases at mid-span, compressor cascade obtained from CFX 
solver 

Compressor Results 
  Air CO2 High  

Viscosity 
Low  

Viscosity 

Inlet Mach number (Ma) (-) 0.77 0.78 0.79 0.79 

Outlet Mach number (Ma) (-) 0.49 0.51 0.52 0.49 
Mass flow per  
unit area (kg/s·m2) 367.7 446.3 373.3 363.2 

Rechord 106 (-) 2.14 3.08 0.485 485 
Profile loss coefficient 
(Yp) (-) 1.35 1.01 2.31 0.68 

Average blade wall shear (Pa) 111.7 103.3 153.5 45.9 

 
The isentropic Mach number profile for the turbine vane 

was kept constant for all the gases by varying the static pressure 
downstream. The isentropic Mach number profile is typical for 
a common aft-loaded low-pressure turbine or power-turbine 
vane design with pure axial inlet flow. The aft-loaded profile, 
shown in Fig. 11, begins with a steady continuous acceleration 
from the front back to about 85% of the chord where the Mach 
number is approximately 0.85.  
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Figure 11: Isentropic Mach number at turbine blade mid-span 
for the four different cases, air, CO2 high viscosity and low 
viscosity obtained from CFX solver. Solid line suction-side, 
dotted line pressure-side. 

Thereafter follows a shorter deceleration to the trailing 
edge where the outlet Mach number is about 0.73. Just as the 
compressor showed a spread in isentropic Mach number 
profile, the same is seen for the turbine cascade, but for the 
turbine this spreads is less. The reason for this minor spread 



 8 Copyright © 2014 by ASME 

here is that the boundary layer are less pronounced to grow in 
the concurrent accelerating flow on the front part of the blade, 
hence less variation in effective flow area.  

A relationship between increasing viscosity and increasing 
pressure loss can be seen in Table 4, where the main results are 
provided for the blade at mid-span. 

 
Table 4: Summary of the main result parameters for the four 
gases at mid-span, turbine cascade obtained from CFX solver 

Turbine Results 
  Air CO2 High  

Viscosity 
Low  

Viscosity 

Inlet Mach number (Ma) (-) 0.17 0.17 0.17 0.17 

Outlet Mach number (Ma) (-) 0.73 0.73 0.72 0.72 
Mass flow per 
unit area (kg/s·m2) 527.5 622.5 617.1 617.5 

Rechord 106 (-) 3.84 4.65 1.98 20000  

Profile loss coefficient (Yp (-) 2.67 2.51 2.87 1.09 

Average blade wall shear (Pa) 599.7 540.3 617.8 168.7 

 
The profile losses for the compressor cascade predicted 

using the loss model from Wright & Miller are shown in Table 
5, together with the calculated figures. For the turbine cascade, 
the corresponding figures for the loss correlations from Ainly & 
Mathieson et.al. and Traupel are given in Table 6. It can be 
seen that there is a certain spread and that the evolution of the 
AMDC loss model to the AMDCKO resulted, in line with the 
aero design, to a lower loss level. 

The blade wall shear stress, last row in Table 3 and 4, 
enhances the indication that there is a correlation between gas 
viscosity, pressure loss and the blade wall shear stress 

 
Table 5: Summary of the predicted losses by conventional 
loss models, compressor 

Predicted profile loss either from losses 
correlation or calculations   
  

 
Profile Loss 

Air CO2 

Wrigth, P & Miller, D (%) 2.10 2.10 

Calculated with CFX (%) 1.35 1.01 

 
 
Table 6: Summary of the predicted losses by conventional 
loss models, turbine 

Predicted profile loss either from 
losses correlation or calculations   

   
Profile Loss 

 Air CO2 

AM Dunham & Came (AMDC)  (%) 2.34 2.25 

AMDC Kacker & Okapuu (AMDCKO) (%) 1.87 1.80 

Traupel (%) 2.75 2.75 

Calculated with CFX (%) 2.67 2.51 

Cross section flow area: The specific work capacity per 
area unit (ws,Area) is an indirect measurement of the area 
required for a given work (mass flow times total enthalpy drop 
( m· h0) ). That is because e.g. if the specific work per unit area 
decreases with a given amount it means that the area must be 
increased with the same number to compensate for it. The ratio 
between ws,Area for CO2 and air is given by Equation 7 and the 
full derivation is seen in Appendix 1.  

 

 
Evaluating the specific work capacity per unit area 

through Eq. 7 with typical low-pressure turbine values 
according to Table 7, indicated a reduction in the specific work 
capacity per unit area of slightly more than 20 percent for CO2 
compared to air.  

 
Table  7:  Typical  values  for  the  calculation  of  specific  work  
capacity in a turbine at 1000°C, 10 bar(a) 

Turbine at  
1000 °C 10 bar 

Molar  
mass (M) 

Specific  
heat (cp) 

Isentropic  
coefficient ( ) 

Pressure 
Ratio 

(p1/p2) 

(g/mole) (kJ/kg·K) (-) (-) 

CO2 44.01 1.29 1.17 1.5 

Air 28.96 1.19 1.32 1.5 
 
 

DISCUSSION  
The hypothesis underlying the approach used in the 

current paper was that the profile loss depends, amongst other 
things, on the viscosity of the working medium and will hence 
be slightly reduced when changing the working medium from 
air  to CO2. That is because the lower viscosity in CO2 reduces 
the shear force in primarily the boundary layer and to some 
minor extent in the free stream.  

This trend was confirmed from the results, e.g. when 
changing from air to CO2, the profile loss coefficient (Yp) for 
the compressor was reduced from 1.35% to 1.01%, and for the 
turbine, from 2.67% to 2.51% for air and CO2, respectively. 

This  reduction  in  loss  for  CO2 compared to air is in line 
with what Sjolander et.al. [5] found in their compressor 
experiments and calculations, and there suggested equation for 
predicting the efficiency change using the isentropic 
coefficient. Their hypothesis was that it was mainly the lower 
Mach number downstream seen for CO2, with its associated 
reduction on the loss, which caused this. This is likely a part of 
the explanation for the quite large difference in efficiency they 
obtained. Other causes for this could be that in the test 

, ,

, ,
=

1 ( 1)

1 ( 1)

 

Ratio of specific work capacity per area unit  
 

Eq. 7
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compressor, the operation point was allowed to change with the 
gas, which hence affects the efficiency as well. 

Jackson et.al. found also an increase in polytrophic turbine 
efficiency of 2.3% when changing working medium from air to 
CO2 on their turbine [8]. From this study, however, it was not 
possible to separate the part of the gain caused by the change in 
working medium from that caused by the reduction in stage 
load that accord from this gas change.  

The fact that the loss coefficient varied with the viscosity 
even for the same isentropic Mach number distributions, 
indicates that the viscosity per se are important. The loss 
coefficient figures in Table 3 and 4 show that there is a weak 
relation between the increments in pressure loss with viscosity 
between air and CO2. The behavior was repeated for the more 
unrealistic cases with either very low or high viscosity. For the 
turbine, the doubling in the viscosity between CO2 to the high 
viscosity gas exhibited an increase of the loss that increased 
from 2.51% to 2.87%, or a 14% relative increment. For the 
compressor, the corresponding figures were more pronounced 
as they increased from 1.01% to 2.31%, which corresponded to 
a relative increment of 130%. The explanation here was 
probably a combination of the boundary layer growing more 
firmly in the adverse pressure gradient and the higher viscosity 
ratio. 

One can also see that when approaching the excessive 
point where the viscosity approached zero, a pressure loss of 
0.68% and 1.09% still remained for the compressor and turbine, 
respectively. These remaining losses are caused by mixing of 
the quantities; mass, momentum and energy, which may be 
considered as the inviscid loss.  

The loss coefficient is also affected by the downstream 
wake mixing and hence a function of the actual point where the 
loss is evaluated. A real engine would typically have a row 
spacing of approximately 25-30% of the upstream chord, which 
reduces the loss by guiding the flow to a more structured flow 
field. 

The predicted profile loss coefficient (Yp) from some 
typical prominent loss correlations are summarized in Table 5 
and 6 for a compressor and turbine cascade, respectively. It can 
there be seen that the spread between the individual loss models 
are larger than the impact from changing the working medium.  

However, generally the loss model is not chosen 
arbitrarily. Instead is it often a familiar loss model that is used 
and then even minor difference between air and CO2 will  be  
important since one specific loss model has a considerably 
smaller individual spread. This implies that for someone used 
to designing conventional gas turbines using a specific loss 
model should be aware that a certain deviation is to be expected 
when the same model is applied to CO2. 

It has hence been shown that the profile loss for a similar 
blade geometry and isentropic Mach number profile will be 
some 5-25% lower for CO2 then for air. Performing the study in 
this manner examines the loss models in the same way and with 
the same inputs as they are being used in the design phase. The 
finding that CO2 provides a lower loss, as described above, can 
easily lead one to conclude that the overall profile loss is surely 

lower  for  an  entire  CO2 compressor and/or turbine, 
respectively.  

This is, however, not as clear, since when considering 
whole turbomachinery components, i.e. a compressor or 
turbine, there are also other aspects to consider.  

Such an aspect is how the cross section area has to change 
when designing for either CO2 or air to conduct the same total 
work. The finding that the specific work capacity per unit area 
was some 20% less for CO2 relative air indicates a contrary 
effect on the total profile loss. 

This lower specific work per unit  area for CO2 is a result 
of two counteracting effects. The first is the increase in mass 
flow through a given cross section area and Mach number for 
CO2. The second, and the reason for the decrease in specific 
work capacity per area unit, is the significantly lower enthalpy 
drop for CO2 at the same pressure ratio.  

This indicates that the physical size of the turbomachinery 
in  the  CO2 cycle will need to be somewhat larger for similar 
gas state. This larger surface area for a CO2 engine may in turn 
imply a greater total loss. A part of this is compensated for by 
the fact that significant parts of the CO2 machinery operate at 
higher pressure. This is to obtain the same overall temperature 
drop in the gas turbine - which in turn partially reduces the 
physical area. 
 
CONCLUSION 

The main conclusions from these viscous 3D calculations 
are that the gas composition, and primarily the viscosity, 
influenced the pressure-based profile loss coefficient (Yp) if the 
isentropic Mach number is maintained constant. 

There was a slight reduction seen in the profile loss for an 
individual cascade operating with a working medium of pure 
CO2 instead of air. 

Theoretically this difference leads to an increased 
mismatch of the stages downstream even at the design point 
and hence, increased losses and stability. However, the 
difference in profile loss is relatively small at the design point 
and thus the authors' opinion is that the practical effect will be 
quite small. Thus, it is considered alright to use profile loss 
correlations derived with air for design point calculations even 
when the working fluid is CO2.  

This work has only focused on the design profile loss at 
lightly loaded cases. Hence, there is a risk that the current loss 
models are significantly deficient in predicting the limits for 
more offensive high-loaded designs, or when approaching 
operation at off-design conditions as the boundary layers then 
are at risk to behave differently. 

The  results  show  that  the  physical  size  of  a  CO2 engine 
will be some 20% larger than an air-breathing engine 
conducting the same work (m· h0). Thus this tends to increase 
the total profile loss of the engine as a whole.  
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APPENDIX 

The mass flow through a fixed geometry is a function of the 
axial cross section area (A), axial Mach number (Ma), speed of 
sound (a) and the density ( ) 
 

= A Ma   Eq. A.1 
 
For an ideal gas the density can be expressed as 
 

=   Eq. A.2 
 
and the speed of sound 
 

a = T Eq. A.3 

 
(A.2) and (A.3) in (A.1) 
 

m = A Ma T = A Ma  Eq. A.4 

 
The change in specific enthalpy (dh) is a function of the 
temperature drop (dT) and specific heat (cp) 
 

=  Eq. A.5 
 
The temperature ratio (TR) is a function of the pressure ratio 
(PR) and the isentropic coefficient ( ) 
 

=   Eq. A.6 
 
Temperature difference dT1-2 
 

= =   Eq. A.7 

 
The specific work capacity per unit area (ws,Area) 
 

, =   Eq. A.8 
 
(A.4), (A.5) and (A.7) in (A.8) 
  

, =   Eq. A.9 

 

The ratio in specific work per unit area between two medium, 
e.g. CO2 and air 
 

, ,

, ,
=

=
( 1)

( 1)

 

 
For the same properties of Mach number, pressure and 
temperature 

, ,

, ,
=

( )

( )

  Eq. A.10 
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ABSTRACT  

A number of different CCS-technologies are currently being 

developed to reduce CO2 emissions from thermal power 

stations. One of these technologies is based on the oxy-fuel 

combined cycle process, the basics of which have been 

described in several publications. The key difference in this 

cycle is the working fluid, which requires further investigation. 

The working fluid in the topping gas turbine cycle of an OCC 

mainly consists of CO2 (80-95 wt%) and steam (5-15 wt%), 

with a few percentage of enriched N2 and Ar. The gas 

properties of this working fluid differ significantly from those 

of a conventional air-breathing gas turbine; hence, the gas 

turbine has to be designed accordingly.  

The isentropic exponent is lower, for example, with the 

result that a higher pressure ratio is required in an oxy-fuel 

combined cycle gas turbine than in a conventional combined 

cycle to achieve exhaust gas conditions that fit the design of a 

conventional bottoming steam cycle. This higher pressure ratio 

results in additional challenges in the design of the 

aerodynamic compressor.  

The amount of information in the public domain about 

designing an oxy-fuel gas turbine is sparse and is mainly 

limited to the cycle design. The main objective of this work is 

therefore to demonstrate the feasibility of achieving the 

aerodynamic compression in a single-spool compressor design, 

suitable for an oxy-fuel combined cycle application, with the 

aim of bringing the technology closer to commercialization.  

The aerodynamic compressor design includes 1D mid-span 

and 2D through-flow design calculations, and a steady-state 3D 

analysis calculation for validation.  

The compressor’s design suits an oxy-fuel combined cycle 

with a net plant power of 115 MWel.  

 

Keywords: CO2, oxy-fuel, SCOC-CC, OCC, Compressor, 

CCS  

 

NOMENCLATURE   

a Speed of sound  [m/s] 

C Absolute velocity [m/s] 

cp Specific heat at constant pressure  [kJ/kg·K] 

m Mass flow  [kg/s] 

Ma Mach number  [-] 

p Pressure  [bar] 

PR Pressure ratio  [-] 

R Gas constant [J/kg·K] 

T Temperature  [°C / K] 

W Relative velocity [m/s] 

 
ABBREVIATIONS  

0-, 1-, 2-, 3D 0-, 1-, 2-, 3-dimensional 

ASU Air separation unit 

CCS Carbon capture and sequestration 

EGV Exit guide vane 

GT Gas turbine 

HP, IP, LP 
High pressure, intermediate pressure, low 

pressure 

HRSG Heat recovery steam generator 

IGV Inlet guide vane 

OCC Oxy-fuel combined cycle 

RSM Root mean square 

SCOC-CC 
Semi-closed oxy-fuel combustion 

combined cycle 

ST Steam turbine 

VGV Variable guide vane 
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SUBSCRIPT 

0 Total  

Des Design case  

m Meridional  

s Stage  

GREEK SYMBOLS 

φ Flow coefficient [-] 

γ Isentropic exponent  [-] 

ηp Polytropic efficiency [%] 

ηs Isentropic efficiency [%] 

ρ Density [kg/m
3
] 

ψ Stage load [-] 

 

INTRODUCTION 

Future generations are facing a serious challenge from 

global warming (cf. IPCC [1]). Efforts are required in several 

areas to mitigate this, for example, through more efficient 

energy utilization, more renewables, and the use of Carbon 

Capture and Sequestration (CCS) technologies. A number of 

CCS technologies are currently being researched and developed 

to reduce CO2 emissions emitted from thermal power stations, 

and they may finally be on the cusp of becoming a reality. One 

competing CCS technology is the oxy-fuel combined cycle 

(OCC), which has been presented in previous publications [2-

7].  

The OCC is a power cycle designed for CO2 capture, with 

similarities to a conventional combined cycle power plant. The 

topping cycle is a semi-closed Brayton gas turbine cycle, with a 

fully conventional bottoming Rankine steam cycle. The main 

working principle behind the oxy-fuel technology is to form a 

combustion product of nearly pure CO2 and H2O in the topping 

cycle by replacing the normal oxidizer of air with almost pure 

O2. These combustion products act as the working fluid in the 

gas turbine as the top cycle is semi-closed and recirculated. 

The composition of the working fluid depends partially on 

the temperature in the flue gas condenser after the heat 

recovery steam generator (HRSG), where a lower cooling 

temperature provides a lower steam content. The composition 

of the working fluid is generally within the range of 80-90 wt% 

CO2, 10-20 wt% H2O, and a small percentage of other enriched 

gases remaining from the O2 production in the cryogenic Air 

Separation Unit (ASU; e.g., Ar and N2).  

The higher mass fraction of argon in the working fluid 

compared to air is the result of that argon not being efficiently 

separated in the cryogenic ASU, and then getting enriched in 

the semi-closed cycle. This is because the condensation 

temperatures of argon and oxygen are close; for example, the 

condensation temperature of argon is 87.2 K and for oxygen it 

is 77.2 K at standard atmospheric pressure [8].  

The working fluid in the OCC has different gas properties 

from that of a conventional air-breathing gas turbine. Some of 

the more significant differences in the gas properties are the 

isentropic exponent (γ), specific heat at constant pressure (cp), 

gas constant (R), and speed of sound (a), as shown in Table 1.  

These differences affect both the design of the entire power 

plant setup and the designs of the individual components. The 

relatively lower isentropic exponent (γ) results in the need for a 

higher gas turbine pressure ratio to achieve a temperature drop 

over the turbine(s) similar to a conventional combined cycle. 

Gas turbine pressure ratios in a spectrum of 30 to 60 have been 

proposed for oxy-fuel cycles by different authors, [2, 4, 5, 9-

12]. Other aspects are the lower speed of sound (a) and the 

larger variations in specific heat (cp) with temperature for a 

CO2/H2O mixture compared to air or flue gas [7, 13]. 

These differences all entail additional challenges for the 

design of the aerodynamic compressor. Thus, there is a need to 

further investigate the aerodynamic design of the oxy-fuel 

gas turbine compressor as information relating to such designs 

is scarce.  

The main objective of this paper is to investigate and 

demonstrate the feasibility of the conceptual aerodynamic 

design of a single-spool gas turbine compressor, suitable for 

OCC application, with the aim of bringing the technology 

closer to commercialization.   

 
Table 1: Gas properties. 

  OCC1 Air OCC1 Air 

Pressure (p0) [bar] 1.013 1.013 31.500 31.500 

Temperature (T0) [°C] 60.0 60.0 437.0 437.0 

Molar mass (M) [g/mol] 38.64 28.96 - - 

Isentropic exponent (γ) [-] 1.297 1.400 1.237 1.369 

Specific heat (cp) [kJ/kg.K] 0.952 1.008 1.206 1.084 

Gas constant (R) [J/kg.K] 215.2 287.1 - - 

Speed of sound (a) [m/s] 303.7 366.0 434.2 534.8 

Density (ρ0) [kg/m3] 1.419 1.059 20.646 15.264 

1 Mass fraction 85.1% CO2, 8.3% H2O, 2.6% N2, 3.9% Ar, and 0.1% O2.  

 

1D mid-span designs have previously been published 

demonstrating the plausibility of an OCC design [2, 3, 14], as 

well as for the Graz cycle. The latter is another type of oxy-fuel 

cycle with partly similar aerodynamic design challenges [10, 

15-17]. This study further investigates the aerodynamic design 

of the compressor comprising the entire design chain from an 

OCC heat and mass balance design through a 1D mid-span, 2D 

through-flow, and a steady-state 3D flow solver. Hence, this 

work contributes further knowledge in this subject area and 

provides increased confidence that an oxy-fuel cycle is 

achievable in general; more specifically, it also shows that the 

aerodynamic design of the compressor is a feasible design task. 

Related important research areas where the working fluid 

will have an impact are, for example, materials regarding 

corrosion, crack propagation, carbonization, and coating carbon 
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deposits. The materials issues are outside the scope of this 

work, but an initial investigation indicates that there are no 

obvious obstacles to the use of conventional materials, such as 

IN718 in an OCC environment [18]. Further investigations are 

required to assess these concerns and to determine the 

purification requirements of the working fluid. 

 

CYCLE DESCRIPTION 

The overall cycle configuration, different design aspects, 

potential trade-offs, and so on for the oxy-fuel combined cycle 

are more comprehensively described and analyzed in a 

previously published work [5]. Nevertheless, a general 

description is appropriate as a few minor adjustments have been 

made.  

The investigated OCC concept contains a recirculated 

topping Brayton cycle and a conventional two-pressure 

bottoming Rankine steam cycle. The cycle layout is shown in 

Figure 1. The numbers in brackets “{ }” in this paragraph refer 

to the steps in this figure.  

The topping cycle contains a gas turbine, which has the 

shaft configuration of a single-spool gas generator with a free 

power turbine that operates with a working fluid of mainly 

recirculated CO2 and H2O. The working fluid is compressed to 

31.4 bar from atmospheric pressure as it passes through a 

single-spool compressor {1-2}. 

In the combustion chamber {3}, both fuel {4} and 

oxygen {5} are injected as no oxidizer is present in the working 

fluid, and thus it has to be provided from an external source.  

It is desirable to operate the cycle as close to a 

stoichiometric condition (oxygen-to-fuel ratio) as possible to 

avoid the excessive use of either the oxygen or fuel, as they are 

both expensive as well as undesirable impurities in the final 

delivery stream of carbon dioxide for some CCS applications, 

for example, in Enhanced Oil Recovery (EOR). An oxygen 

excess of 1.0 wt% was used, compared to the oxygen required 

for stoichiometric combustion. To achieve desirable 

combustion properties, the recirculated working fluid is used to 

dilute the oxygen and fuel streams in the combustor, the basic 

methods of which have been described in [6]. The low oxygen 

excess entails elevated CO emissions, which would not be 

acceptable for an open cycle, but in a closed cycle it is a minor 

problem provided no material issues and that the CO2 bleed 

stream is purified (e.g., catalytically). Our view is that the 

combustion is feasible with only 1 wt% excess of oxygen, 

strengthened by the fact that the oxygen stream can be injected 

at the precise location needed for combustion and not diluted 

with the surrounding working fluid.  

However, if it turns out that the oxygen excess needs to be 

raised slightly, it will not change the basis of the OCC being an 

attractive option for CCS. An increase to, for example, 5 wt% 

oxygen excess only reduces the total net cycle efficiency by 

0.3-0.4 percentage points. 

 
Figure 1: Illustration of the oxy-fuel combined cycle plant. 
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The 1340°C hot combustor outlet flue gas expands through 

the turbines {6-7-8}, which drives the compressor and 

generator.  

The flue gas leaving the gas turbine diffuser {8} has a 

temperature of about 610°C and is ducted through the HRSG 

{9-10} where heat from the gas is transferred to the two-

pressure bottoming cycle, which reduces the gas temperature to 

about 110°C {10}. Before the flue gas is recirculated back to 

the gas turbine inlet, it is further cooled and purified to remove 

potential acids, deposits, and soot formations. The main 

clean-up is accomplishing in a wet spray tower 

(scrubber/condenser) {11}.  

The use of a wet spray tower in combination with a 

compressor inlet filter provides the desired cooling and 

purification of the working fluid. The optimum temperature of 

the recirculated working fluid for cycle efficiency is in the 

range of 40 to 70°C, and the preferred temperature used herein 

is 60°C [5]. 

The flue gas leaving the cooling tower is divided into two 

separate streams, one minor bleed stream for CCS {12} and a 

major stream, which is ducted back towards the gas turbine 

inlet. The mass of the bleed stream is in the range of 6-7% and 

balances the fuel and oxidizer streams added in the combustor, 

the moisture absorbed in the cooling tower, and the minor 

sealing leakage flows in and out of the system. The mass flow 

balance in the top cycle is maintained through this bleed 

stream. The CO2/H2O bleed stream undergoes a gradual 

compression, with intermediate cooling, water separation, and 

possible purification, before it is sequestrated, for example, in 

enhanced oil recovery or other forms of underground storage. 

The main stream, which is ducted back towards the gas 

turbine, is saturated with steam as it leaves the spray tower 

{11}. This saturation of the steam in the flow makes it 

inappropriate to recirculate it directly back to the compressor 

inlet without further treatments, as there is a severe risk of 

condensation and the formation of water droplets, which could 

erode and cause both corrosion in the first compressor stages 

and inlet filter saturation. To prevent this, the working fluid is  

passed through a heater {13} in which feed water from the 

bottoming cycle is utilized to heat the working fluid to a 

relative humidity of about 80%, which corresponds to a 

temperature rise of the order of 3-5°C. The flow is passed 

through an inlet filter before it reenters the compressor to 

remove any remaining particles and moisture droplets. 

A conventional two-pressure HRSG was considered to be 

the preferred concept for the bottoming cycle, with regard to 

the efficiency, cost, and complexity of an OCC of this power 

size. A two-pressure HRSG is consistent with what is common 

for conventional combined-cycle plants of similar power size. 

The identified steam turbine for this cycle is a geared high-

pressure turbine (HP) {14}, and a directly driven intermediate- 

and low-pressure turbine (IP, LP) {16}. The simulation results 

are based on a seawater-cooled condenser operating at 

0.0425 bar (15°C inlet, 25°C outlet, and 5°C terminal 

temperature difference) and with below 15% moisture content 

at the steam turbine exit.  

METHOD 

The approach taken was to continue to develop the previous 

work published in [5], in which an appropriate power size and 

technology level was identified as being feasible to bring to the 

market in the near future. The OCC was simulated in Siemens 

standard process simulation tool, Krawal-modular. The Krawal 

tool is an advanced heat and mass balance tool, which utilizes 

real gas properties (LibHuGas) and a matrix solver.  

The performance of the main cycle components is 

summarized in Table 2. A twin-shaft configuration was chosen 

for the gas turbine in this study (single-spool gas generator with 

a free directly driven power turbine). This was in order to 

investigate the feasibility of managing the relatively high 

compression ratio of 31 in a single-shaft compressor without 

sacrificing unnecessary performance.  

 
Table 2: Cycle component performance. 

Aggregates  Parameter Unit Value 

GT Compressor      

Efficiency ηs % 90.3 

Combustor    

Oxygen excess  wt% 1.0 

Combustion temp COT °C 1340 

GT Turbine      

Stage efficiency CT/PT ηs % 87.0/92.5 

Steam Turbine      

HP/IP/LP ηs % 90.2/88.9/86.0 

HPST p0 bar 100 

HPST T0 °C 565 

LPST p0 bar 5.00 

Condenser p0 bar 0.0425 

HRSG    

Pressure drop  dp mbar 40 

Pinch-point evaporator Tpp °C 20.0 

Approach-point evaporator Tap °C 8.00 

Auxiliary    

Total recirculation pressure 

drop* 
dp mbar 100 

Fuel compressor ηs % 80.0 

O2 compressor ηs % 80.0 

Pump  ηs % 75.0 

Gear box ST η % 98.5 

Generator GT/ST η % 98.5/98.3 

*
 From GT turbine blading outlet to the GT compressor blading inlet. 

 

The turbine cooling and disc-sealing predictions were 

incorporated using two separate models. The cooling flows 

were calculated from a developed m-star model [19], which 

scales the cooling flows with respect to the new gas properties 

and operation conditions from known gas turbine reference 

values. The required disc-sealing flows were predicted 

according Bayley and Owen’s method [20, 21].  
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The compressor design is the main topic of this paper, but 

of course the compressor was designed to be coherent with the 

aerodynamics of the entire gas turbine in mind. The first step in 

the design process, after establishing the overall mass and heat 

balance, was to perform a basic 0D/1D design of the 

gas turbine to obtain an initial gas path shape and some first 

numbers for the compressor design.  

A basic 1D design of the turbines was made in order to 

ensure the realistic design of the gas turbine as a unit. The 

turbine concept was a 2-stage compressor turbine and a 4-stage 

ungeared power turbine operating at 3000 rpm, with a short 

turbine intermediate duct in between. The results of the detailed 

turbine design are outside the scope of this paper and will be 

addressed in a later publication.  

In general, the same fundamental physical laws and design 

philosophy still dictate the compressor designs, whether it is a 

conventional air-breathing compressor or a compressor 

designed for an oxy-fuel application. However, the gas 

properties of the working fluid and the different requirements 

for the compressor influence the design trade-offs and dictate 

what is achievable or not for the compressor.  

Thus, this work treats the aerodynamic compressor design 

no differently from a conventional compressor; however, the 

differences in gas properties and necessary trade-offs affect the 

outcome slightly. The question about whether the traditional 

empirical air-based correlations can still be used or not for the 

design has been addressed previously [7]. In that study it was 

concluded that the correlations can be used in the design phase 

of a modest loaded compressor design, but there is a need for 

some caution when predicting the behavior at off-design and 

for more heavily loaded designs.  

The aerodynamic design phase of the compressor, after 

which the global design parameters were specified, can roughly 

be divided into the following three steps. The first step was to 

conduct a 1D mid-span design where typical compressor design 

parameters were determined, such as stage-count, loading (ψ), 

flow coefficient (φ), pressure ratio (PRstage), and the shape of 

the gas path.  

With the 1D model results in place, the next step was to 

create a 2D model for the through-flow program. The through-

flow program utilized was HT0300, which originates from 

Hearsey [22] and has been further developed at Siemens and, 

for example, includes internal loss and flow deviation models 

to match the behavior of our house-style compressor blade 

geometries. This 2D model was tuned until a flow field was 

attained that met the established requirements of the 1D design 

as well as our design philosophy for an appropriate radial 

distribution of the flow and stage parameters.  

The initial 1D and 2D design phase appears to be simple, 

and in fact from a mathematical and computational power 

perspective it is, which should be seen as one of its strengths. 

The fact is that it is vital to get these design choices right to 

enable a successful final design of the compressor. Thus, a 

significant effort should be involved in making these design 

choices match the intended compressor performance and 

overall gas turbine unit design.  

Based on the 2D flow field, the third step was to create the 

3D blading adapted for the 3D flow solver Multip to optimize 

and validate the results. The Multip program is a steady-state 

3D flow solver, originally developed by Denton at Cambridge 

University [23]. The program has been further developed at 

Siemens (e.g., adapted so that it is able to utilize a variable 

specific heat (cp)).  

In reality, the work progress was far from being as 

straightforward as the description above might at a first glance 

indicate, and it included more iteration whereby the previous 

results were adapted based on new findings from the following 

steps before the appropriate results were eventually obtained. 

 Finally, the heat and mass balance of the entire oxy-fuel 

combined cycle was adapted, based on the new performance 

figures for the compressor. 

 

RESULTS & DISCUSSION 

The global design parameters for the compressor, which 

were set by the heat and mass balance simulation and the initial 

0D/1D design, are summarized in Table 3. The required mass 

flow for the turbine cooling and disc-sealing is extracted from 

two intermediate compressor stages and at the compressor 

outlet. These bleeds are located after compressor stages 7 and 

11 at pressures of 8.5 and 16.9 bar, respectively (Table 3). 

It should be noted that the temperature ratio is kept at the 

modest level of about 2.1, despite the relatively high pressure 

ratio of 31.0, assuming an isentropic efficiency of 90%. That 

corresponds to a modest temperature rise of about 375°C for an 

inlet temperature of 63.5°C, which does not cause any material 

concerns in the rear compressor stages. The corresponding 

temperature ratio for an air-breathing compressor is about 2.65, 

which, at similar conditions, would result in a temperature rise 

of about 555°C—well above the material limit for conventional 

compressor materials.   

There are several different design parameters and trade-offs 

to consider in all compressor designs, and this is no less true for 

an OCC compressor where, for instance, the volume flow and 

speed of sound differs significantly. Not all of them can be 

addressed in this publication, but comments on some of the 

parameters are relevant, such as the hub-to-tip ratio, axial inlet 

and outlet Mach numbers, and stage loading.  

The choice of hub-to-tip ratio at the compressor inlet 

depends upon several factors. For a certain mass flow, shaft 

speed, and axial inlet Mach number, a lower hub-to-tip ratio 

results in longer blades, which are located at a lower hub 

radius, and have a lower blade tip speed. Less IGV swirl is thus 

required for a given relative Mach number. Longer blades can, 

however, be difficult to tune adequately, and a lower blade 

speed results in a reduced stage pressure ratio for a constant 

stage load.  

The blade velocity difference between the blade hub and tip 

section also increases for longer blades. Attaining a work input 

that is constant over the blade span will, eventually, lead to 

such a high flow turning in the hub section that a counter 



 6 © 2015 Siemens Energy, Inc. All rights reserved 

rotating swirl is required, which is a design that is likely to 

penalize the stage’s efficiency.  

 
Table 3: Global design parameters for the compressor. 

Parameter Unit Values 

Temperature in/out [°C] 63.5 438.5 

Pressure in/out [bar] 1.013 31.42 

Mass flow in/out [kg/s] 219.8 197.7/168.4* 

Bleed mass flows [kg/s] 8.35 13.85 29.3 

Bleed flows pressure [bar] 8.5 16.9 31.4 

Shaft speed [rpm] 5700 

Hub-to-tip ratio in/out [-] 0.54 0.91 

Hub and tip radius  

R1in/EGV out 
[m] 0.355/0.661 0.380/0.416 

Axial Mach number in/out [-] 0.63 0.27 

*
 Compressor outlet mass flow before and after the final bleed stream. 

 

The first rotors tip section is transonic and thus requires a 

high solidity (chord-to-pitch ratio), commonly in the range of 

1.3-1.7, to control the shock wave and subsequent diffusion, 

which is difficult to attain with a low hub-to-tip ratio (long 

blades) for reasons of mechanical integrity. 

A hub-to-tip ratio of 0.54 at rotor 1 inlet was selected for 

this compressor design. The choice of the outlet radius was a 

trade-off between keeping both the blade speed and the blade 

height at a sufficiently high level at the compressor outlet to 

attain a smooth gas path. For this design, a hub radius of 0.38 m 

was considered preferable, corresponding to a hub-to-tip ratio 

of 0.91 at the exit guide vane (EGV) outlet. The length of the 

compressor from the IGV inlet to the EGV outlet was 2.62 m, 

and the geometric shape of the gas path is seen in Figure 2 and 

Figure 3. 

 

 
Figure 2: Geometric design of the compressor gas path seen from 

the side (X-Y view).  

 
Figure 3: Geometric design of the compressor gas path seen from 

the top (radial X-Z view). 

 

The choice of axial Mach number is important, and a high 

axial inlet Mach number is appropriate as it reduces the annulus 

inlet area and increases the work capacity of the stages. An 

axial Mach number that is too high at the design point risks, 

however, choking the annulus at off-design operation and 

severely limiting future engine mass flow upgrades.  

By designing the compressor with a relatively lower axial 

outlet Mach number, the compressor outlet area can be 

increased, and hence the blade height for a constant root mean 

square (RMS) radius. The compressor diffusors total pressure 

drop is also improved by a low exit Mach number design. The 

axial Mach number cannot, however, be reduced too far as the 

surge margin then will be decreased. Axial design Mach 

numbers of 0.63 at the inlet and 0.27 at the outlet are 

considered appropriate for this compressor design. 

Commercial compressor designs with pressure ratios above 

30 are usually only common in aero-derivatives, where it is 

achieved by a twin-spool compressor configuration, with the 

exception of the GT24/26, which achieves a pressure ratio of 35 

in its 22 stage compressor [24]. The trade-off between blade 

speed and blade height is not as necessary in a twin-spool 

compressor configuration, where the blade speed in the high-

pressure stages, which is located at a lower radius, can be 

maintained through a higher shaft speed. A twin-spool design 

would facilitate the aerodynamic design, but at the cost of 

increasing complexity and likely cost, too. For an industrial gas 

turbine a single-spool compressor configuration is therefore 

preferred. 

It is common practice to compare different compressor 

designs through the use of non-dimensional parameters. By 

comparing the non-dimensional parameters a good 

understanding of the complexity and design challenge can be 

obtained.  

 

γ

R

pr

Tm
⋅

⋅

⋅
2

 Eq. 1 

 

 

TR

rN

⋅⋅

⋅

γ
 Eq. 2 

 

One method is to compare the mass flow that a scaled 

compressor operating at 3000 rpm would have had if the 

velocity triangles at the front stage and the geometrical 

hub-to-tip ratio were kept constant.  

A parameter Eq. 3, which relates the shaft speed and mass 

flow, can be derived through analysis of the non-dimensionless 

groups for mass flow Eq. 1 and aerodynamic speed Eq. 2 [25]. 

The equivalent inlet mass flow for the OCC compressor can 

thereby be corrected to a 3000 rpm air-breathing compressor at 

ambient ISO condition, through equation Eq. 4 and 

Table 4. The corrected 3000 rpm mass flow figure is 951 kg/s  

Table 4), which is high but definitely feasible with today’s 

state-of-the-art technology.   

The first stage was designed with a higher stage loading 

compared to the subsequent stages to gain overall compressor 

efficiency. The stage load of the first stage was 0.386, while the 

subsequent stages (2-13) were designed with a declining stage 
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load in the range of 0.355 to 0.335. The stage load was further 

reduced down towards 0.31 for the last three stages to gain 

extra surge margin at full load (Figure 4, Table 5).  
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Table 4: Corrected mass flow at 3000 rpm. 

Parameter Unit Design (OCC) Ref (Air) 

Shaft speed (N) [rpm] 5700 3000 

Pressure (p0) [bar] 1.013 1.013 

Temperature (T0) [°C] 63.5 15.0 

 [K] 336.65 288.15 

Isentropic exponent (γ) [-] 1.297 1.400 

Gas constant (R) [J/kg.K] 215.2 287.2 

Mass flow (m) [kg/s] 219.8 951.0 

 

By reducing the stage load towards the back of the 

compressor the surge margin of the entire compressor as a unit 

is improved (Figure 4). This is because the aft part of the 

compressor is more affected by a rising pressure ratio, and thus 

tends to surge first at full load. The design stage pressure ratio 

for the first stage was 1.57 and it declines towards the last stage 

pressure ratio of 1.11 (Figure 5 and Table 5). 

 

 
Figure 4: Stage parameters, stage load (ψψψψ), and flow coefficient (φφφφ) 

for the rotors and stators at the mid-span section. 

 

The rather high first stage pressure ratio results in the need 

for a high diffusion across the rotor. A common parameter for 

examining this diffusion load is the deHaller coefficient [26], 

which describes the velocity ratio across a blade row (Win/Wout 

or Cin/Cout). The general design recommendation in open 

literature is to keep this velocity ratio at the mid-span above 

0.70-0.72, which corresponds to diffusing about half of the inlet 

dynamic head into static pressure for an incompressible flow.  

The deHaller coefficient considers not the geometrical 

shape of the gas flow path through the blade row, e.g. the 

solidity and blade curvature, and for modern controlled 

diffusion blade geometries it should be possible to undercut the 

0.70 limit somewhat. The same holds for a transonic stage, 

where the compression shock wave generates a significant 

amount of the pressure rise. Hence, the deHaller coefficient 

should only be seen as an early stage load indication. The 

diffusion factor of 0.68 in the first rotor row is thus considered 

adequate.  

The hub section of a blade is generally more prone to stall 

first and the hub sections were thus designed with a slightly 

higher velocity and total pressure to mitigate this, and thus gain 

stall margin. 

 
Figure 5: Total stage pressure ratios and deHaller coefficient for 

the rotors and stators at the mid-span section. 

 

The radial distribution of the axial velocity component of 

the rotor and stator rows is shown in Figure 6 and Figure 7, 

normalized with the average axial exit velocity from rotor 1. It 

is noticeable that the velocities are higher at the hub section, 

and that the axial velocity declines quite smoothly from the 

inlet throughout the compressor.  

 

 

 
Figure 6: Normalized axial velocity component out of the stator 

rows, normalized with the span height.  
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The two velocity peaks seen at the casing after stators 7 and 

11 are the result of the cooling air bleed after these rows 

(Figure 6). 

Weak local velocity peaks can also be seen at the tip section 

for the front stages as a result of a slightly higher rotor work 

input at this radius. This could be avoided by reducing the 

camber at the rotor tip slightly.  

 

 

 

 
Figure 7: Normalized axial velocity component out of the rotor 

rows, normalized with the span height. 

 

 

The axial Mach number decreases smoothly from an inlet 

Mach number of 0.63 down to an exit Mach number of 0.27. 

Despite this, the flow coefficient does not show the same 

smooth declining trend that one is accustomed to see. That is 

because of the slightly larger relative reduction in tangential 

blade-speed (U) compared to what is normally seen in a 

constant mid- or hub-radius design, which is, as mentioned 

above, to keep up the blade height in the rear stages through 

reducing its RMS radius. The result of a larger reduction of the 

RMS radius is that the blade speeds are reduced more than 

common towards the back of the compressor, which keeps up 

the Cm/U ratio (flow coefficient (φ)). The meridional velocity 

component (Cm) at the rotor inlets is shown in Table 5, 

normalized by Cm at rotor 1 inlet. The compressor bleed flows 

after stages 7 and 11 cause a local reduction in the meridional 

velocity for the subsequent stages 8 and 12, hence for the flow 

coefficient too (Figure 4, Table 5).   

The design philosophy was to aim for a smooth distribution 

of all the stage parameters throughout the compressor to 

enhance the match between subsequent stages and provide 

better overall performance and stability. 

Both 15-stage and 16-stage compressor designs were 

investigated and both seemed feasible for the design point, but 

the ability to facilitate the design requirements for each 

individual stage led to a final compressor design with 16 stages. 

The first two rotor tip sections are transonic, and the Mach 

numbers at each of these leading edge tip sections are 1.29 and 

1.11, respectively. The third rotor is just below unity at the 

design point and the stage is therefore subsonic. 

The calculated surge margin for the compressor was 25.5% 

(or to occur at a pressure ratio of 38.9 at the compressor design 

speed of 5700 rpm), which is considered sufficient. 

The methods of handling the startup, the off-design and 

transient operation of the compressor are important for the final 

gas turbine design. To design these control mechanisms the 

matching and part load control between the compressors, 

combustor, turbine(s), and ambient must be known and can, 

thus, be done first after the preliminary design of the entire gas 

turbine is completed.  

These aspects are not primarily covered in this work partly 

because the turbine design was not yet completed. A couple of 

aspects have, however, been considered in the design process to 

enhance the operability, as discussed previously. Some 

examples are the choice of a 16-stage design to reduce the 

overall stage load, reducing the stage loading of the last stages, 

and having a higher meridional velocity at the hub section.  

Another aspect of the compressor that facilitates its 

operation is the fact that the topping-cycle is recirculated. This 

means that the temperature of the working fluid at the 

compressor inlet is controllable despite changes in ambient 

conditions. The choice of the design temperature of 60°C 

ensures the controllability of the compressor inlet temperature 

over a broad ambient range by changing the amount of cooling 

in the scrubber/condenser ({12} in Figure 1). 

The aerodynamic speed (Eq. 2) can thus be controlled to 

achieve desirable movements in the compressor characteristics 

to reduce the requirement for compressor operation far away 

from its design point during continuous and off-design 

operation.  

The startup of the cycle and rapid transients requires, in any 

case, that the compressor has an appropriate surge margin as 

these operation points and the required time response will be 

outside what is controllable by changing the compressor inlet 

temperature. To manage these operating conditions, a variable 

inlet guide vane (IGV) and variable guide vanes (VGV) will be 

used in the front stages. The number of VGVs and their 

scheduling were not addressed in this work, but for part load 

operation the expected requirement is 3-4 VGV. This may seem 

abundant for an industrial single-spool compressor, but one 

should bear in mind both the working media and the rather high 

pressure ratio. Further studies are required before a firm 

number of VSVs can be determined. 

During low speed operation, such as during start-up and low 

load operation, the front stages tend to stall because of a too 

high stage pressure ratio and low flow coefficient, while the 

rear stages tend to choke. A complementary control method is 

then to use compressor intermediate bleed(s) to reduce the 

loading of the front stages and reduce the volume flow in the 

rear stages. A bleed control method has a negative effect on the 

cycle performance and should not be used in continuous 

operation, and is thus only considered for startup and rapid 

transients.  

An initial study of the control method for an oxy-fuel cycle 

through IGV and VGV in a twin-spool gas turbine has been 

investigated by Ulizar et al. [27]. Their work covered the 
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startup of the cycle on air, the change of working fluid to CO2 

at idle, and then the ramping up to full load. They concluded 

that the control would not pose any obstacle beyond the current 

level of technology.   

 

 
 
Figure 8: Compressor characteristics, for example showing a 

calculated surge margin of 25.5% at the design speed of 5700 rpm. 

 

The total to total efficiency of the compressor was 

calculated to be 90.1% and 92.8% isentropic (ηs) and 

polytropic (ηp), respectively. The compressor surge margin and 

efficiency are shown in Figure 8, and a summary of some 

performance parameters are shown in Table 5 and Figure 4 and 

Figure 5. 

The 2D through-flow and steady-state 3D solvers showed in 

general that the results have a good and consistent agreement. 

The relative Mach number contours for the three first rows 

from the 3D solver are shown in Figure 9, Figure 10, and 

Figure 11. One observation is that the shock in rotor 1 is 

located somewhat close to the trailing edge and a redesign of 

the camber distribution should be considered for a new design. 

 

 

Figure 9: Mach number contours for the three first stages, in the 

x-y plane, at the tip span section (95% span). 

 
Figure 10: Mach number contours for the three first stages, in the 

x-y plane, at the mid-span section (50% span). 

 

 

 

 

 
Figure 11: Mach number contours, in the x-z plane, for the first 

rotor stages at the inlet, throat, and outlet. 

 

 

The oxy-fuel combined cycle has an overall net electrical 

efficiency of 47.2% and a net electrical power of 115.9 MW. 

The gross plant power is 149.1 MW, out of which 96.1 MW is 

from the gas turbine and 53.0 MW is from the steam turbine. 

The cost of the oxygen production and compression is 

26.2 MW, which penalizes the efficiency by -10.7%-points. 

This energy cost was based on a cryogenic ASU technology 

with an energy consumption of 735 kW/kg 95%wt.O2. There are, 

however, other promising ASU technologies coming, such as 

the Ionic Transport Membrane [28], which could potentially 

significantly reduce the penalty of the cycle efficiency. 

The corresponding figures for the compression of the CO2 

stream to 140 bar is 6.4 MW, which penalizes the efficiency 

by -2.6%-points. The amounts of the cooling and sealing flows 

are 51.6 kg/s or 23.5% of the compressor inlet mass flow of 

219.8 kg/s.  
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Table 5: Average stage parameters. 

 
T0 

[°C] 

p0 

[bar] 

PRs 

[-] 

Stage load 

[ψ] 

Flow coefficient 

[φ] 

Cm
*  

[-] 

R1 in 63.5 1.01 1.569 0.386 0.580 1.000 

R2 in 102.6 1.59 1.444 0.354 0.610 1.027 

R3 in 136.0 2.29 1.386 0.355 0.606 0.998 

R4 in 167.2 3.18 1.333 0.349 0.606 0.975 

R5 in 196.0 4.24 1.296 0.352 0.605 0.952 

R6 in 223.2 5.49 1.263 0.348 0.602 0.926 

R7 in 248.3 6.94 1.234 0.344 0.601 0.905 

R8 in 271.9 8.56 1.212 0.344 0.578 0.853 

R9 in 294.3 10.37 1.194 0.343 0.590 0.856 

R10 in 315.6 12.38 1.178 0.342 0.585 0.832 

R11 in 335.6 14.58 1.164 0.341 0.581 0.813 

R12 in 354.9 16.97 1.152 0.338 0.558 0.768 

R13 in 373.3 19.56 1.142 0.336 0.561 0.763 

R14 in 391.1 22.33 1.130 0.329 0.551 0.740 

R15 in 407.9 25.24 1.120 0.320 0.540 0.716 

R16 in 423.7 28.27 1.112 0.308 0.527 0.693 

EGV in 438.6 31.42   31.04**

  
 

* Cm normalized by Cm at Rotor 1 inlet; ** total compressor pressure ratio. 

 

 
CONCLUSION 

This work demonstrates that the achievement of the higher 

pressure ratio required in an oxy-fuel cycle compared to a 

conventional combined cycle power plant from an aerodynamic 

point is eminently feasible in a single-spool compressor with 

today’s state-of-the-art technology. The aerodynamic design 

and evaluation was done through 1D mid-span, 2D through 

flow, and steady state 3D calculations.  

A conclusion is that reducing the overall gas turbine 

pressure ratio slightly below the optimum for the oxy-fuel cycle 

efficiency [5] is a sensible trade-off to facilitate a single-spool 

compressor design, as the CO2 and steam-rich working fluid 

entails additional design challenges. The lower speed of sound 

of the working fluid at the compressor inlet is one example 

which limits the design range in terms of blade speed, and thus 

the possibility of a high stage work input.  

Commercial compressor designs with a pressure ratio above 

30 are usually only common in aero-derivatives, where it is 

achieved by a twin-spool compressor configuration. However, 

for an industrial gas turbine a single-spool compressor 

configuration is preferred as the cost and complexity is less. A 

high pressure ratio is harder to achieve in single-spool 

compressor design as the rear stages will have a lower blade 

speed. The lower blade speed is a result of the need to maintain 

the blade height at a reasonable level for efficiency reasons, 

which forces the design of the rear stages towards a lower RMS 

radius than at the compressor inlet. This reduces the achievable 

stage pressure ratio in the rear stages further, hence the need for 

extra stages. 

The final design is a single spool 16-stage compressor with 

a design mass flow, speed, and pressure ratio of 219.8 kg/s, 

5700 rpm, and 31.0, respectively. The performance figures 

achieved a satisfying efficiency of 90.1% and 92.8%  isentropic 

(ηs), and polytropic (ηp), respectively, whilst maintaining a 

surge margin of 25.5.  

The overall performance for the oxy-fuel combined cycle is 

47.25% net efficiency, including CO2 compression and O2 

production, which should thus be considered an attractive CCS 

technology with potential for further cycle efficiency 

improvements through reduced O2 cost. 
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ABSTRACT  

The oxy-fuel combined cycle (OCC) is one of several 
carbon capture and sequestration (CCS) technologies being 
developed to reduce CO2 emissions from thermal power plants. 
The OCC consists of a semi-closed topping Bryton cycle, and a 
traditional bottoming Rankine cycle. The topping cycle 
operates with a working medium mixture of mainly CO2 and 
H2O. This CO2-rich working fluid has significantly different 
gas properties compared to a conventional open gas turbine 
cycle, which thereby affects the aerodynamic turbine design for 
the gas turbine units. The aerodynamic turbine design for oxy-
fuel gas turbines is an unexplored research field. The topic of 
this study was therefore to investigate the aerodynamic turbine 
design of turbines operating with a CO2-rich working fluid. The 
investigation was performed through a typical turbine aero-
design loop, which covered the 1D mid-span, 2D through-flow, 
3D blade profiling design and the steady-state 3D analysis. The 
design was performed through the use of conventional design 
methods and criteria in order to investigate if any significant 
departures from conventional turbine design methods were 
required. 

The survey revealed some minor deviations in design 
considerations, yet it showed that the design is feasible with 
today’s state-of-the-art technology by using conventional 
design practice and methods.  

The performance of the oxy-fuel combined cycle was 
revised based on the performance figures from the components 
design. The expected total performance figures for the oxy-fuel 
combined cycle were calculated to be a net electrical power of 
119.9 MW and a net thermal efficiency of 48.2%. These figures 
include the parasitic consumption for the oxygen production 
required for the combustion and the CO2 compression of the 
CO2 bleed stream. 

 
 

NOMENCLATURE   

cp Specific heat at constant pressure  [kJ/kg·K] 

h Enthalpy [kJ/kg] 

m Mass flow  [kg/s] 

Ma Mach number  [-] 

p Pressure  [bar] 

R Gas constant [J/kg·K] 

T Temperature  [°C/ K] 

 
ABBREVIATIONS  

0-, 1-, 2-, 3D 0-, 1-, 2-, 3-dimensional 

ASU Air separation unit 

CCS Carbon capture and sequestration 

CT Compressor turbine 

CCPP Combined cycle power plant 

HRSG Heat recovery steam generator 

OCC Oxy-fuel combined cycle 

PT Power turbine 

SCOC-CC Semi-closed oxy-fuel combustion 
combined cycle 

TID Turbine intermediate duct 

 

SUBSCRIPT 

in Inlet 

out Outlet 

s Static 
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GREEK SYMBOLS  

φ Flow coefficient [-] 

γ Isentropic exponent  [-] 

ηs Isentropic efficiency [%] 

ρ Density [kg/m3] 

ψ Stage loading [-] 

 

INTRODUCTION 

Global warming is a serious challenge today (IPCC [1]) 
which calls for efforts in several areas to mitigate the emission 
of carbon dioxide (CO2), for example through: more efficient 
energy utilization, more renewables and the use of carbon 
capture and sequestration (CCS) technologies. CCS refers to 
the group of technologies where the CO2 formed through 
combustion of a carbon-containing fuel is separated to prevent 
it from being emitted to the atmosphere. A number of CCS 
technologies are currently being investigated and developed to 
reduce CO2 emissions emitted from thermal power plants. They 
may finally be on the brink of becoming a reality once either 
the carbon emission fees reach a certain level or they are called 
for by legislation. The oxy-fuel combined cycle (OCC) is one 
promising CCS technology, which has been presented in 
previous publications [2-7]. 

  
Figure 1: Schematic sketch of the oxy-fuel combined cycle plant 

layout 

 
The oxy-fuel combined cycle is a power cycle designed for 

CO2 capture, with several similarities to a conventional 
combined cycle power plant (CCPP). The OCC consists of a 
topping cycle and a bottoming cycle and a schematic sketch of 
the OCC is seen in Figure 1. The topping cycle is a recirculated 
semi-closed gas turbine and the bottoming cycle is a 
conventional steam cycle. The fundamental key principle of the 
oxy-fuel technology is to form a combustion product of 
virtually pure CO2 and H2O in the gas turbine cycle, which is 
then separated into its basic components. This is achieved by 
replacing the conventional oxidizer stream of air with an 

externally provided stream of almost pure oxygen (O2). The 
combustion products of CO2 and H2O act also as the working 
medium in the gas turbine, as the topping cycle is semi-closed 
and recirculated. It should be noted that the CO2 part of the 
working medium remains in gas phase throughout the cycle and 
that only the H2O is partially condensed; hence the OCC is not 
a supercritical CO2 cycle. The ratio of CO2 to H2O in the 
working medium depends mainly on the temperature in the flue 
gas condenser after the heat recovery steam generator (HRSG). 
A lower cooling temperature increases the amount of H2O 
condensation, which reduces the steam content in the working 
medium. The composition of the working medium falls 
generally within the range of 80–90 wt.-% CO2, 10–20 wt.-% 
H2O and a few percentage points of enriched argon (Ar) and 
nitrogen (N2) gases. The mentioned non-reactants originate 
from slippage in the cryogenic Air Separation Unit (ASU) and 
as argon is not being efficiently separated in the cryogenic ASU 
it instead becomes enriched in the semi-closed cycle. The mass 
fraction of argon is therefore higher in the CO2-rich working 
medium than in atmospheric air. The reason for this is that the 
condensation temperatures of argon and oxygen are close, i.e. 
the condensation temperature of argon is 87.2 K and of oxygen 
is 77.2 K at standard atmospheric pressure [8].  

 
Table 1: Gas properties at the inlet to the oxy-fuel turbines and the 

gas properties for air at similar gas states 

  
 

CT PT 

    OCC1 Air OCC2 Air 

Pressure (p) [bar] 30.150 30.150 7.200 7.200 

Temperature (T) [°C] 1,340.0 1,340.0 930.0 930.0 

Molar mass (M) [g/mol] 36.33 28.96 36.68 28.96 

Isentropic 

exponent (γ) 
[-] 1.184 1.308 1.195 1.324 

Specific heat (cp) [kJ/kg K] 1.488 1.223 1.396 1.176 

Gas constant (R) [J/kg K] 228.9 287.1 226.7 287.1 

Speed of sound (a) [m/s] 665.0 783.5 571.6 677.6 

Density (ρ) [kg/m3] 8.118 6.466 2.637 2.080 

1)     Mass fraction 80.3% CO2, 13.4% H2O, 2.5% N2, 3.7%Ar, 0.1% O2  

2)     Mass fraction 81.1% CO2, 12.6% H2O, 2.5% N2, 3.7%Ar, 0.1% O2  

 
As previously discussed, the working medium in the oxy-

fuel combined cycle has, indeed, different gas properties 
compared to a conventional air-breathing gas turbine. The 
differences in gas properties between the two gases that have 
the greatest influence on the turbine design are the isentropic 

exponent (γ), specific heat at constant pressure (cp), gas 
constant (R) and speed of sound (a) (Table 1). These 
differences affect both the design of the entire OCC and the 
design of the gas turbine unit and its subcomponents, i.e. the 
compressor, combustor and turbines. The lower isentropic 

exponent (γ) calls for a higher gas turbine pressure ratio to 
achieve a gas temperature drop across the turbine(s) that is 
similar to a conventional gas turbine. For a high overall 



 3 © 2016 Siemens Industrial Turbomachinery AB 
 All rights reserved 

efficiency of the OCC, the exhaust gas temperature (EGT) from 
the gas turbine must suit the steam turbine design, i.e. the 
temperature level of the high pressure steam with a low- to 
modest pinch-point in the super-heater. Gas turbine pressure 
ratios ranging from 30 to 60 have been proposed for oxy-fuel 
combined cycles by different authors [2, 4, 6, 9-12]. Other 
aspects that needed to be considered especially for the OCC 
were the lower speed of sound (a) and the larger variations in 
specific heat (cp) with respect to temperature for the CO2-rich 
medium compared to air or flue gas [5, 13]. These differences 
lead to further challenges for the aerodynamic design of the gas 
turbine.  

This work was part of a larger survey in which both low- 
technology readiness level optimization of the overall oxy-fuel 
combined cycle and more detailed high-technology readiness 
level aerodynamic design studies of the gas turbine units’ 
compressor, turbines and a preliminary combustor concept 
were investigated and tested. A cycle design for the OCC was 
investigated in previous publications [3, 6] in which  different 
cycle design aspects were considered. The outcome from these 
two studies was a proposed cycle design of an OCC. This cycle 
design then formed the foundation for the subsequent more 
detailed investigations of the conceptual aerodynamic design of 
the gas turbine unit. The combustor concept was also 
investigated as a part of the work [3, 6]. To make it possible to 
proceed with the conceptual aerodynamic design of the 
compressor and turbines, the effect on the aerodynamic losses 
from the working medium was investigated [5]. The 
aerodynamic design of the compressor was addressed and 
proved, theoretically, to be feasible to achieve in a single-spool 
compressor with today’s state-of-the-art technology [7]. It was 
also shown that the compressor design could be performed by 
using conventional design methods and while remaining within 
current practice for conventional design [14]. The missing piece 
for demonstrating the complete aerodynamic design of a gas 
turbine unit was the conceptual aerodynamic design of the 
compressor- and power turbine, which was addressed in this 
work.  

This publication is divided into two parts. The main part 
addresses the aerodynamic design of the compressor- and 
power turbine. The second part revises the performance figures 
of the entire OCC. This was done by updating the process 
simulation of the OCC with the performance figures from the 
conceptual aerodynamic designs of the compressor performed 
in [7] and the compressor- and power turbine  performed in this 
work.  

The main objectives of this work were to numerically 
investigate and demonstrate the feasibility of achieving the 
aerodynamic design of the turbines for a gas turbine unit in an 
oxy-fuel combined cycle. The resulting design parameters were 
also compared against traditional design guidance (rules) for 
conventional air-breathing turbines. The purpose of that was to 
investigate whether the turbine design could be performed 
within traditional design recommendations for an air-breathing 
state-of-the-art turbine design; that is, aiming to strengthen the 

confidence of its feasibility and to find out if any fundamental 
design deviations appear necessary.  
 
METHOD 

The design of the OCC previously investigated in [6] was 
used as a platform for the present turbine design. The 
simulation of the entire oxy-fuel combined cycle was 
performed in the Siemens in-house standard process simulation 
tool, Krawal-modular, which is a flexible advanced heat and 
mass balance tool, which utilizes real gas properties 
(LibHuGas). The shaft configuration and basic design of the 
gas turbine unit were investigated in a previous work [14]. The 
different shaft configurations considered were a single-shaft, a 
single-shaft gas generator with free power turbine, a twin-spool 
gas generator unit where the low pressure turbine also serves as 
the power turbine, and a twin-spool gas generator with a free 
power turbine. The design choice for a conventional combined 
cycle gas turbine would (most likely) be a single-shaft design. 
A single-shaft design has the advantage of being a simpler 
design with improved performance at both base load and part 
load. It should, however, be noted that gas turbines designed 
mainly for a conventional combined cycle application generally 
have a pressure ratio in the range of 18–22. That is because 
they are typically designed to have an exhaust temperature into 
the HRSG in the range of 580–650 °C to suit the steam cycle. 
Exceptions to this are seen for aero-derivatives that, because of 
their heritage, have a higher pressure ratio, which is usually 
achieved through a twin-spool compressor configuration. When 
given the opportunity to design a new gas turbine, a simple and 
robust design was sought. However, considering that the oxy-
fuel gas turbine needs a pressure ratio above 30 and that the 
electrical generator was decided to be direct-driven [7] it was 
found that a single-spool gas generator with a free power 
turbine was a favorable design. A detailed aerodynamic design 
of a single-shaft compressor was performed in [14].   

The approach for the turbines design was to use previous 
findings and results as the base for the design of the turbines, 
although the design was performed partly in parallel with each 
other in an iterative process. The turbine cooling and disc-
sealing predictions were incorporated using two different 
correlation-based models. The cooling flows were calculated 
from a m-star model [15] with some further developments, 
which scales the cooling flows with respect to the gas 
properties, turbine geometry and its operation conditions based 
on operational gas turbine reference values [6]. The disc-
sealing flows were predicted according to the well-established 
method by Bayley and Owen [16, 17].  

This pre-design work of the entire gas turbine unit formed 
the basis for specifying the boundary conditions and 
performance parameters that the compressor- and power turbine 
had to be designed to meet (Table 2, Table 3). The gas states at 
the compressor turbine inlet and at the power turbine outlet and 
restrictions on the gas path geometry and its hade angles are 
examples of parameters set by the pre-design loop. The shaft 
speed and required shaft power for the compressor turbine were 



 4 © 2016 Siemens Industrial Turbomachinery AB 
 All rights reserved 

specified by the compressor design to be 5,700 rpm and 86.5 
MW, respectively. The power turbine generator was direct 
driven at 3,000 rpm (50 Hz) to avoid the extra cost, installation 
complexity and losses associated with a gearbox of this size.  
The design target for the power turbine was simply to seek a 
high shaft power and operability through a high efficiency and 
favourable inlet conditions to the turbine diffusor, based on the 
gas state that the compressor turbine delivers. 

 
Table 2: Constrained design parameters for the compressor 

turbine 

Parameter Unit Values 

Shaft power [MW] 86.5 

Temperature in/out [°C] 1,340 930* 

Pressure in/out [bar] 31.1 7.2* 

Mass flow in/out [kg/s] 193.1 236.1* 

Cooling flow [kg/s] 43.0 

Shaft speed [rpm] 5,700 

* set by the power demand and the compressor turbine efficiency 

 
 

Table 3: Constrained design parameters for the power turbine 

Parameter Unit Values 

Temperature in/out [°C] 930* 612 

Pressure in/out [bar] 7.2* 1.11 

Mass flow in/out [kg/s] 236.2* 244.4 

Cooling flow [kg/s] 8.2 

Shaft speed [rpm] 3,000 

* set by the compressor turbine outlet, see Table 2 

 
 

Aerodynamic design 
The same aerodynamically fundamental physical laws and 

design philosophy generally determine the aerodynamic turbine 
design, whether it is a conventional air-breathing turbine or a 
turbine designed for an oxy-fuel application. The method used 
for the turbine design was therefore treated as a conventional 
turbine design, unless otherwise required for obvious reasons. 
For example, the gas properties of the working medium and the 
different design requirements for the turbines affect the design 
trade-offs and dictated what was achievable or not for the 
turbine.  

Current practice is to design the turbine with 1D and 2D 
aero-tools that primarily rely on loss models derived for 
conventional turbines. The utilization of these air-based loss 
models for the oxy-fuel turbine design raised the question of 
their applicability, which was  addressed previously [5]. In that 
study it was concluded that the correlations can be used in the 
design phase of, at least, lightly to modestly loaded airfoils. 
Some caution is advised for predicting the behaviour at off-
design and for more heavily loaded designs because of the 
uncertainty in the boundary layer separation limit. The 

conviction of the correlations’ applicability was strengthened 
by the consistent agreement between the correlation-based 2D 
through-flow and Navier–Stokes based 3D steady-state 
calculations of the compressor [14].      

The aerodynamic design phase of the turbine, given that the 
global design parameters were specified for the turbine, can be 
roughly divided into three steps. The first step was to conduct a 
1D mid-span design where typical turbine design parameters 

were determined, e.g. stage count, solidity, stage loading (ψ), 

flow coefficient (φ), reaction (∧), pressure ratio across each 
turbine stage, total turbine pressure ratio and an indicative 
geometrical shape of the gas path. The 1D mid-span design 
determines most of the design features – hence, a major part of 
the final design and its achievable performance. The 
importance of the 1D phase cannot be overstated. 

The next step was to perform the 2D through-flow design to 
obtain the radial span-wise variation of the flow field that 
satisfies the intended 1D design. Special attention was given to 
the flow at the end-walls to ensure positive hub reaction (row 
acceleration) and to avoid too high exit Mach numbers.  

Blade stacking features such as twist, lean and sweep can be 
applied too to improve the reaction, losses and Mach number, 
particularly in the hub- and tip sections. The stacking strategy 
was applied in the 2D design, but due to its 3D nature the effect 
was mainly captured first in the 3D analysis. Inverse twisting of 
the stator vanes was applied by opening up the stator outlet 
flow angle towards the tip section, i.e. a more axial flow angle 
in the tip section. The benefit of this is a more uniform span-
wise relative inlet flow angle to the following rotor, which 
provides less twisted rotor blades and increased flow turning in 
the rotor tip section. The former is important for cooled blades 
because it is beneficial for the casting of the cooling system. 

 

 
Figure 2: The 2D cross-section profiles at the hub-, mid- and tip 

section for rotor 3 in the power turbine 

The mechanical integrity of the turbines was evaluated 
through basic 1D assessments that included the blades, vanes, 
blade shrouds, blade (foot) attachments and the blade discs. 
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This early perception of the design was used to verify that it 
was also realistic to achieve a mechanical design for the 
intended aerodynamic turbine design. 

When the desired flow field was determined the next step 
was to profile the 3D-shaped airfoils to achieve this flow field 
with a sound balance between a low aerodynamic loss and 
operation range. Each airfoil (either stator or rotor) was 
generated by stacking a number of 2D blade cross-sections to 
create the desired 3D blade profiles. The number of 2D cross-
sections used was 3 to 5 with an interpolated geometry in 
between. That is a sufficient approach for the conceptual 
design. The final airfoil design would, however, benefit from a 
denser radial profiling stacking and especially the more 3D-
shaped blades. The profiling and stacking of the 2D 
cross-sections were performed with the 2D profiling and 3D 
stacking program Cato (Siemens in-house program). The 2D 
cross-sections at the hub-, mid- and tip section for the third 
rotor in the power turbine are seen in Figure 2. The 
corresponding calculated 2D velocity profile for the mid-span 
section is seen in Figure 3 in the form of the Laval number. The 
Laval number is defined as the ratio between the velocity (V) 
and the speed of sound at a local Mach number of unity (c*), 
i.e. the Laval number is defined as V/c* [18]. The 3D design 
will, in general, not substantially improve the design, but it 
risks degrading the performance if not carried out carefully.  

 

 
 

Figure 3: The 2D cross-section profile and the Laval number 

distribution for rotor 3 in the power turbine 

Minor improvements can nevertheless be seen from the 
effect of the 3D blade stacking features and end-wall profiling. 
These 3D stacking schemes aim mainly to improve the reaction 
and exit Mach number in regions near the hub and casing by 
altering the radial pressure profile through creating a favourable 
radial flow-field curvature (i.e. pressure gradient). 3D stacking 

can also be used to off-load the end-walls to reduce end-wall 
losses.   

To fine-tune the design and validate the results the 3D flow 
solver Multall was used. Multall is a steady-state 3D flow 
solver, originally developed by Denton at the Whittle Lab in 
Cambridge [19, 20]. Multall uses a simple mixing length 
turbulence model and a wall function for obtaining the 
turbulence and the wall shear stresses in combination with the 
mixing plane. This implies that a quite coarse grid can be used, 
which greatly reduces the computational time compared to a 
more advanced 3D flow solver. Multall is therefore appropriate 
for conceptual studies and to obtain a first prediction of how the 
3D flow field ought to be. The grid is a standard H-grid with 
the recommendation of using a cusp on the leading and trailing 
edges. The grid used for each blade row consisted of 170 
meridional cells, 55 span-wise cells and 55 tangential cells. The 
number of cells between the airfoil’s leading edge and the 
upstream mixing plane and the trailing edge and the 
downstream mixing plane was 20 in each case. Exceptions to 
this were the inlet and the outlet of the turbines, for which 
about 100 cells were used.  

 
 

 
 

Figure 4: Section of the grid seen in the tangential vs. meridional 

plane for rotor 2 in the compressor turbine (170 x 55 x 55 cells in 

each row) 

A 2D cross-section of the grid in the meridional vs. 
tangential plane for rotor 2 in the compressor turbine is seen in 
Figure 4. For a plain blade tip the tip leakage flow was 
modelled through a pinched tip, by reducing the blade tip 
thickness towards zero over the last 2–3 cells. Denton also 
recommends reducing the tip clearance to about 60% of the 
physical gap to compensate for the contraction effect in the real 
leakage jet, which was followed (Figure 5). The physical plain 
tip clearance used for the compressor turbine was 1 mm. The 
power turbine was modelled with shrouds with two seals in 
stage 1 and 2 and one seal in stage 3 and 4 with a tip clearance 
in the range of 1.6–2.6 mm. The turbine cooling and the disc 
purge flow between the stages were modelled through flow 
ejection patches. For each patch the mass flow, pressure, 
temperature, Mach number and entrance flow angle were 
specified. The Multall version used for this study has also been 
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further developed, in Siemens, to enable a variable specific heat 
(cp) to be utilized. 

 
 

 
Figure 5: A pinched tip through reducing the blade tip thickness 

to zero over the last 2–3 cells (exemplified by Rotor 2 in the 

compressor turbine) 

The intention with this investigation was to show that the 
aerodynamic turbine design for the oxy-fuel gas turbine is 
feasible with today’s state-of-the-art technology using 
conventional design methods, and not to describe the precise 
design. The exact design philosophies, rules and design 
parameters could not be presented because of the inherent 
proprietary nature. This will, however, not affect the purpose of 
this work. The turbine design herein is not claimed to be either 
optimal or final. It should instead be seen as an extended 
conceptual design and proper starting point for the final design. 
 

Cycle performance 

When the conceptual designs of the two turbines were 
completed performance maps for the turbines were created. A 
compressor map was created in the previous work [7]. To 
revise the steady-state performance of the entire oxy-fuel 
combined cycle, these three characteristics were used in a new 
process simulation. The figures for the oxy-fuel combined cycle 
design are presented in the second part of this paper. 
 

RESULTS & DISCUSSION 

The main boundary conditions and specific design criteria 
for the compressor- and power turbine were determined by the 
process simulation. The global design requirements for the 
compressor- and power turbine are summarized in Table 2 and 
Table 3. The parameters between the two turbines were 
determined through an iterative process and are not strictly 
speaking either any boundary conditions or design criteria. 
These parameters are marked by an asterisk (*) in Table 2 and 
Table 3. The gas state in between the two turbines is an 
example of this. Initially, these figures were set by the previous 
design steps and progressed to an iterative design process 
between the two turbines. The figures in Table 2 and Table 3 
are the final design values.  

The design of the turbines geometry and how they influence 
and interact with each other and the compressor are vital for a 
successful gas turbine design (i.e. by avoiding sub-

optimization). Therefore, great emphasis was put on the 
decision of the gas path radius for the compressor turbine, the 
power turbine and the turbine intermediate duct (TID) between 
the two turbines (Figure 6). 

 
 

 
Figure 6: Gas path shape of the compressor turbine and the power 

turbine connected through a short intermediate duct  

Turbine intermediate duct 

The gas temperature after the compressor turbine can 
become an issue when designing twin-shaft gas turbines as the 
temperature tends to exceed the material limit for conventional 
uncooled materials, especially with the drive towards both 
increasingly higher combustion outlet temperatures (COT) and 
gas turbine exhaust temperature. This problem becomes more 
severe in the design of an oxy-fuel gas turbine because of the 
gas properties. The difference is the variation in specific heat at 
constant pressure (cp) against temperature for the CO2-rich 
working medium compared to a conventional flue gas. The 
variation in specific heat is illustrated in Figure 7 for air and 
CO2.  

 

 
Figure 7: Variation in specific heat at constant pressure with 

temperature for air and CO2  

 
It is seen that the specific heat for CO2 is about 7–10% 

higher than for air in the temperature range from 600 to 
1,400°C, where the turbines operate. In the temperature range 
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from 0 to 500°C where the compressor operates, the ratio is 
very different and at temperatures below about 260°C the 
specific heat for CO2 is actually less than for air. This has the 
result that the specific compression work is less energy-
consuming for a CO2 compressor at low temperature. 

The specific heat ratio is the opposite for the turbines in the 
high temperature range. In a CO2 turbine the specific work 
extracted for a certain temperature drop is thereby higher 
compared to a conventional turbine. For a specific COT and 
sufficient turbine cooling, these differences in the gas 
properties of the working medium result in a higher gas 
temperature after the compressor turbine in an oxy-fuel gas 
turbine. The magnitude of this temperature difference depends 
on several design parameters such as the gas turbine pressure 
ratio, component efficiencies, COT, turbine cooling and the 
steam content in the working medium. Approximately, the duct 
temperature is expected to be 25–55°C higher in the case of an 
oxy-fuel gas turbine, compared to a conventional air-breathing 
twin-shaft gas turbine unit. The trend is that the difference 
declines with rising COT (1,000–1,500°C) because of the 
decreasing difference in specific heat in the compressor. That is 
because the need for higher total gas turbine pressure ratios 
increases with the COT, for a certain EGT. 

 Another outcome is that the specific power for the oxy-fuel 
gas turbine is higher than for a conventional gas turbine 
because more energy is available for the power turbine. The 
precise increase in specific power is dependent on the same 
design parameters as discussed above, but an increase in the 
specific power of about 20–40% can be expected for a 
combustor outlet temperature variation from 1,500°C to 
1,000°C. The specific power for the OCC, based on the exhaust 
gas mass flow, is 410 kW/kg.  

The process simulation of the oxy-fuel cycle design showed 
that the gas temperature between the two turbines would be 
about 930°C at the design point. A turbine intermediate duct 
(TID) at this elevated temperature has to be cooled, which 
would increase the cooling medium consumption and thereby 
decrease the total efficiency. Future engine upgrades through 
raising the combustor outlet temperature would also be 
aggravated by a TID. The TID should therefore be kept as 
small as possible or preferably avoided completely if possible. 
The length of the TID also becomes significant if any 
substantial change in the mean diameter between the CT outlet 
and the PT inlet is to be achieved. That is because, to avoid 
flow separation along the outer end-wall, its hade angle cannot 
be too severe. A recommendation for the preliminary design is 
to keep the hade angle below 25°. At the inlet to the TID the 
inlet swirl and the inlet Mach number should also be kept 
modest (< 35° and < 0.55) to keep down the end-wall losses 
[21]. A TID tends also to have a conical shape and the guidance 
is to keep the equivalent conical divergence angle below 25° 
and the area ratio between the CT outlet and PT inlet below 1.3 
[21] to avoid flow separation. The two turbines were therefore 
designed to fit together geometrically with only a small straight 
TID connecting the two turbines. The design intentions of the 
turbines were to: achieve suitable blade speeds in both turbines, 

a proper exhaust flow area from the power turbine, avoid too 
severe end-wall hade angles and to have a geometrical fit 
between the turbines. Some of these intentions conflict and 
required trade-offs.  

The shaft speed for the gas generator is most critical for the 
flow field into the compressor and therefore the velocity 
triangles and geometry of the first compressor rotor determine 
(more or less) its shaft speed. The gas generator shaft speed 
was thereby set by the compressor design performed previously 
[7] to be 5,700 rpm at the design point. The mean blade 
diameter for the compressor turbine is then virtually set by the 
maximum acceptable blade speed. The compressor turbine inlet 
cannot be allocated at a too high diameter as the blade height 
then tends to be too short for an adequate aerodynamic design 
(i.e. hub to tip ratio).  

The power turbine generator was determined to be direct 
driven, which for a two-pole 50 Hz generator determines the 
shaft speed as 3,000 rpm. The corresponding figure for a two-
pole 60 Hz generator is 3,600 rpm. This work focused on the 
3,000 rpm design case, since it is most challenging from an 
aerodynamic point of view. This is because, if the aerodynamic 
design is satisfied at 3,000 rpm, then it is most likely not an 
issue to achieve an aerodynamic design for 3,600 rpm by 
redesigning the airfoils. Then positioning the turbines on 
similar diameters to keep the TID short with the shaft speeds of 
both turbines determined resulted in a compromise for the 
design of the power turbine. The result of this compromise is 
evident as the blade speed in the power turbine becomes lower 
than the aerodynamic optima, which results in additional stages 
if the stage loading is to be kept at the same level. This design 
trade-off was, however, not obvious and an alternative was to 
increase the blade speed by positioning the power turbine at a 
larger diameter. That could have reduced the stage count in the 
power turbine down to 3 stages from the current 4-stage design, 
but it would have required a large cooled TID in order to 
accommodate the radial shift. This trade-off between a 3-stage 
and 4-stage design is discussed more in the following section 
“Power turbine”. A schematic view of the compressor turbine, 
power turbine and the turbine intermediate duct is seen in 
Figure 6.  
 

Compressor turbine 

The compressor turbine design is a 2-stage turbine with a 
constant hub radius throughout the turbine to enhance the disc 
design. The two rotor blades are shroudless to avoid extra 
weight and cooling as the blades in the compressor turbine are 
highly stressed both thermally and mechanically. Both rotor 
blade tips are cylindrical to reduce the tip clearances’ 
sensitivity to axial movements during transients. The entire 
change in the axial flow area is achieved in the second stator 
vane, which results in a rather steep but acceptable hade angle 
at the outer end-wall (21°). The compressor turbine hub radius 
is 620 mm, the length is 410 mm and the height of the first 
rotor is 75 mm. The stage loadings for the 2-stage compressor 
turbine are considered as conservative. That was partly because 
of the lower compressor work resulting from the variation in 
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specific heat, as seen in Figure 7 and discussed in the previous 
section. It was therefore tempting to design the compressor 
turbine as a 1-stage turbine. When the 1-stage design was 
investigated, it showed that a couple of significant 
compromises were required, as both the stage load and blade 
velocity had to be increased substantially. This would result in 
a design with very short blade heights if the axial velocity (Ca) 
was to be kept constant or even more if the flow coefficient 

(φ = Ca/U) was kept with an increased higher blade velocity. 
The velocity triangles would also become too skewed and the 
blade- and disc stresses increased to unacceptable levels in the 
1-stage design. This alternative 1-stage design was not shown 
to be more favourable and was rejected in favour of the 2-stage 
design. The isentropic total-to-total efficiency for the 2-stage 
compressor turbine was calculated to be 86.7% and its main 
stage parameters are summarized in Table 4.  

  
Table 4: Stage parameters for the compressor turbine 

Parameter Unit Stage 1 Stage 2 

Blade velocity [m/s] 394 411 

PRs / PRt [-] 2.06/ 1.98 2.25/ 2.13 

Stage loading (ψ) [-] 1.32 1.21 

Reaction hub/ tip (∧) [-] 0.53/ 0.57 0.44/ 0.52  

Absolute exit  
flow angle 

[°] - 11.2 

Isentropic exit  
Mach number  
Stator/ Rotor 

[-] 0.74/ 0.87 0.85/ 0.87 

 

   

Power turbine 

The power turbine is a 4-stage design with straight conical 
inner and outer end-walls. The radii at the power turbine inlet 
are 622 mm and 740 mm and at the outlet the radii are 766 mm 
and 1,195 mm. The overall length is 980 mm, hence the end-
wall hade angles are 7° and 24° degrees at the inner and outer 
end-walls, respectively. The exit Mach number and stage load 
are on the low side and thus a 3-stage power turbine was also 
considered. This alternative was, however, rejected for the 
following reasons.  

First it should be clarified that the stage loading of the last 
stage cannot be significantly increased without initiating an 
unfavourable and penalizing flow field into the diffuser. 
Therefore, for a specific blade speed (U), the stage work in the 
last stage is almost constant. It was not possible to maintain the 
geometrical fit between the CT and stator 1 in the PT and then 
only increase the blade speed in the two rear PT stages by 
increasing their mean diameter. The reason for this is that the 
hade angle along the tip casing in the PT then tends to get too 
severe (> 25°). The mean diameter for the last stage could 
therefore not be substantially increased without also increasing 
the mean diameter for the first stage in the power turbine, 

which would require a TID between the CT and PT. In a 3-
stage design it therefore becomes necessary to extract the work 
in just two stages, instead of in three as in the 4-stage design. 

This implies that either the stage load (ψ) or the blade 
velocities (U) or both have to be increased considerably. The 
design study showed that a 3-stage design, where only the stage 
load was increased, was not feasible without major losses in the 
turbine efficiency.  

 
  Table 5: Stage parameters for the power turbine 

Parameter Unit Stage 1 Stage 2 Stage 3 Stage 4 

Blade velocity [m/s] 234 256 283 307 

PRs / PRt [-] 1.48/ 1.41 1.65/ 1.57 1.86/ 1.74 1.82/ 1.70 

Stage load  (ψ) [-] 1.52 1.57 1.44 1.08 

Reaction 

hub/tip (∧) 
[-] 0.45/ 0.54 0.47/ 0.55 0.45/ 0.56 0.34/ 0.54 

Absolute exit 
flow angle 

[°] - - - 4.9 

Exit Mach 
number  
Stator/Rotor 

[-] 0.59/ 0.65 0.66/ 0.72 0.73/ 0.80 0.75/ 0.76 

 

 

The other alternative would be to increase the stage load (ψ) 
and the blade velocity (U) for all stages in the PT by increasing 
the mean blade diameter. This would be an attractive 
aerodynamic design, but it would obviously require a TID and 
its related issues with an increased cooling medium 
consumption, as discussed previously.  

  
Figure 8: The 3D geometry design of the turbines 

Adding an extra power turbine stage instead of a turbine 
intermediate duct is justified against the background that the 
TID has to be cooled, whilst an additional fourth turbine stage 
virtually does not increase the cooling. The 3-stage design was 
thereby not found to be advantageous over the 4-stage power 
turbine, which was considered as the preferred design choice. 

The total and static pressures at the diffuser inlet are 1.108 
and 1.035 bar(a), respectively. The isentropic total-to-total 
efficiency for the power turbine was calculated to be 92.6% and 
some of the main stage parameters are summarized in Table 5. 



 9 © 2016 Siemens Industrial Turbomachinery AB 
 All rights reserved 

When comparing the stage parameters of the turbines design, 
for the oxy-fuel combined cycle given in Table 4 and Table 5, 
with typical figures for a conventional turbine design is it seen 
that the figures do not deviate significantly. The same is true 
when examining the velocity profile for the airfoils, which 
shows a very typical distribution, as was witnessed by rotor 3 in 
the power turbine (Figure 3). This indicates that the design of 
turbines in an oxy-fuel unit can be performed through the use of 
traditional design methods and rules used for conventional 
turbine design.  The 3D geometry of the 2-stage compressor 
turbine and the 4-stage power turbine is seen in Figure 8.  
 

OXY-FUEL COMBINED CYCLE  

The performance figures for the entire oxy-fuel combined 
cycle are presented in this section. The cycle design layout was 
presented previously [7], in which only minor modifications 
have been made to the design since the original design 
proposed in 2013 [6]. The schematic cycle is shown in Figure 1 
and the details are presented in the earlier publications [6, 7]. 
Performance characteristics for the compressor and turbine 
were generated from the aerodynamic design of the compressor 
[7] and the turbines design in this work.  

The performance of the entire oxy-fuel cycle was predicted 
by running the process simulation using these characteristics in 
order to analyse the steady-state operation. The OCC were, 
after been revised, calculated to have a gross and net electrical 
power of 153.7 MW and 119.9 MW respectively with a net 
efficiency of 48.2%. These figures include the parasitic energy 
consumption for the oxygen production and CO2 compression, 
which reduces the total efficiency by 10.6% and 2.6%, 
respectively. 

 
CONCLUSION 

This work, together with the present authors’ previous 
publications [3, 5-7], provides a conceptual design of an oxy-
fuel combined cycle plant and a conceptual aerodynamic design 
of the gas turbines compressor and turbines.  

The design demonstrates the ability to achieve the 
aerodynamic turbine design for a gas turbine in an oxy-fuel 
cycle application with today’s state-of-the-art technology, using 
conventional design methods and by remaining within our 
design expertise. This is despite the different working medium 
and changed operation condition compared to the gas turbine in 
a conventional combined cycle power plant, e.g. the increased 
gas turbine pressure ratio. The aerodynamic turbine design and 
analysis loop were made through 1D mid-span, 2D through-
flow, and steady-state 3D calculation.  

The different variation in the specific heat with respect to 
temperature for the CO2-rich working medium in the oxy-fuel 
combined cycle, compared to a conventional combined cycle, 
results in a higher gas temperature after the compressor turbine. 
Because of this higher temperature it is not desirable to have a 
turbine intermediate duct, as this would need to be cooled. The 
compressor- and power turbines were therefore designed to fit 

each other geometrically, without any turbine intermediate 
duct.  The turbine design was a 2-stage compressor turbine and 
a 4-stage power turbine. The isentropic total-to-total efficiency 
for the compressor- and power turbine were calculated to be 
86.7% and 92.6%, respectively.  

The overall net efficiency of the oxy-fuel combined cycle is 
48.2%, including CO2 compression and O2 production. The 
oxy-fuel combined cycle should therefore be considered as an 
attractive and competitive CCS technology. 
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