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ABSTRACT

The combined use of displacement ventilation (DV) [1-2]
and a radiant cooling floor (RCF) [3-5] is increasingly common
in the field of building climatization. DV systems are based on
injecting air directly into the occupied zone of the building, at
low speed and at a temperature slightly below the comfort one.
On the other hand, RCF systems are based on circulating cold
water through a circuit of pipes embedded in the pavement.

With this hybrid cooling system (DV+RCF) that combines
both technologies [6], only the occupied zone is climatizated
and a vertical stratification of the room air temperature is
achieved [7]. In addition, indoor air quality is greater than when
conventional cooling systems are used [8], because the updraft
convection currents caused by heat sources in the occupied
zone [9], move the hot air and contaminants to the roof level
going through the occupied zone only once.

DV+RCEF systems work better in building with high ceiling
(of 3 meters high or more), where the air stratification will
improve the thermal efficiency and pollution control.
Therefore, its use is appropriate in large public buildings, for
example theatres [10], museums [11], train stations [12] or
airport terminals [13], which are characterized by their high
rise.

Despite the advantages of implementing a DV+RCF system,
their behaviour is not well characterized for an efficient
dimensioning of the system. Therefore, the aim of this paper is
to present two correlations to quantify, on the one hand, the
amount of energy (as heat) the floor is able to absorb by
convection, that is, the heat flux along the floor, and, on the
other hand, the maximum distance of influence of the primary
air stream driven by the DV system. These correlations have
been found for the hybrid cooling system DV+RCF in a large
enclosure, using computational fluid dynamics (CFD).
Moreover, they take into account the presence of the cooling
floor and the vertical stratification of air temperature in the
enclosure, becoming a powerful tool to help in the cooling

system dimensioning. Multiple simulations with different
Reynolds, based on the size of the diffuser and its supply air
flow rate, and Grashof, based on the temperature difference
between the floor and the air supplied by the diffuser, numbers
were used to obtain the correlations.

NOMENCLATURE

v [ Dimensionless velocity

Vg [m/s] Mean air velocity at the diffuser exit

|V| [m/s] Magnitude of the air velocity
Vimax [m/s] Maximum velocity in the velocity profile
A [m?] Total area of the enclosure

A [m?] Lateral area of the diffuser

Aeif [m?] Effective discharge area of the diffuser

K [-] Percent of the diffuser lateral area considered as

effective area

h [m] Height of the diffuser

D [m] Outer diameter of the diffuser

5 [ml Height where [v| = 0.5 Vira

\/'s [me/h] Air flow rate supplied by one diffuser

Ng [1 Number of diffusers

A [me/h] Total air flow rate

r [ Dimensionless temperature

T [°C] Air temperature in the enclosure

Ts [°C] Air temperature supplied by the diffuser
Ts [°C] Floor temperature

Roceup [m*/person]  Occupancy rate of the enclosure

Re [ Reynolds number

Gr [-] Grashof number

Le [m] Characteristic length of the diffuser
AT+ [°C] Temperature difference between the air supplied

by the diffuser and the floor surface

ATi_s [°C] Temperature difference between the indoor air in
the occupied zone and the air supplied by the
diffuser



9 [m/ 7] Gravity acceleration

Dinfluence [m] Maximum distance of influence of a diffuser
Ainfluence [m] Influence area of all diffusers
Oconst W/ m?] Constant convective heat flux
Qcool peak  [W] Cooling peak load

[r, 6, 2] [m, -, m] Cylindrical coordinates
Special characters

p [kg/m®] Air density

u [ka/mK] Air dynamic viscosity

v [m?/s] Air kinematic viscosity

Cp [I/kgK] Air specific heat

B [1/C Coefficient of thermal expansion
Subscripts

s Supply

f Floor

e Enclosure

| Lateral

eff Effective

occup Occupancy

c Characteristic

t Total

d Diffuser

i Indoor
INTRODUCTION

In industrialized countries, 90% of time is spent indoors
where more than 40% of total energy is consumed. The air
conditioning has become into the first service in terms of
energy consumption in a building, being then evident that
optimizing the processes of air-conditioning in buildings result
in reductions in energy consumption without compromising the
thermal comfort.

One way to approach the study of a particular climate
control system is by CFD (Computational Fluids Dynamics).
The ability to solve air-conditioning building problems using
CFD is evident in studies carried out in large rooms or public
places such as lecture theatres [10], museums [11], train
stations [12], airport terminals [13] or classrooms [14]. More
specifically, CFD has been used in the design and evaluation of
both the thermal comfort and air quality in public buildings
located throughout the world, such as the Yoyogi National
Stadium (Japan) [15], the Galatsi Arena Stadium (Greece) [16],
the lecture theatre at Hong Kong University of Science and
Technology (China) [17], the Building A, located on the BP
Sunbury campus (United Kingdom) [18], the Terminal 1 of
Chengdu Shuangliu International Airport (China) [19] or the
New Bangkok International Airport (Thailand) [20].

One of the typical architectonic features of large public
buildings is their high rise. Considering that indoor thermal
comfort conditions must be guaranteed just in the occupied
zone (the part of the enclosure up to 1.8 m above the floor), it is
possible to increase the energy efficiency of the air
conditioning systems of these buildings by using a hybrid
system of refrigeration composed of a radiant cooling floor,
based on circulating cold water through a pipe circuit
embedded in the pavement [21~24], coupled with a
displacement ventilation system, based on supplying air
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directly into the occupied zone at low speed and at a
temperature slightly below the comfort one [25-26].

The advantage of this hybrid system is the exclusive
treatment of the occupied =zone, achieving a vertical
stratification of air temperature in the enclosure. In addition,
indoor air quality is greater than that achieved with
conventional cooling systems, because the upward convection
currents from heat sources move the hot air and contaminants
to the roof level going only once through the occupied zone.
Moreover, energy savings are also achieved because the
temperature of the working fluids (air in the displacement
ventilation system and water in the radiant cooling floor) are
close to comfort ones so energy losses in the fluid conductions
are minimal.

This paper presents the application of CFD to calculate air-
flow velocities and temperatures in high rise enclosures in order
to obtain correlations which help to dimension the air
conditioning systems of the enclosure. The velocities and
temperatures numerically calculated can also be used to
determine the main thermal comfort index, according to 1SO
7730 [27] and, subsequently, used to obtain the thermal
classification of the enclosure [28].

GEOMETRY UNDER STUDY, COMPUTATIONAL
DOMAIN AND BOUNDARY CONDITIONS

It aims to analyze numerically the thermal behaviour of a
cooling system based on a radiant floor, combined with
cylindrical displacement diffusers, uniformly distributed in a
large diaphanous enclosure, as shown in Figure 1, where a
simple schematic of the cooling system under study is depicted.
To that end, the numerical simulations are performed with the
commercial CFD software FLUENT [29].

Figure 1 Displacement diffusers uniformly distributed in a
large diaphanous enclosure

The three-dimensional (3D) numerical study of the
enclosure, together with the diffusers, is very complex because
of the large size of the domain and the high number of diffusers
that must be used. However, since each diffuser has its own
zone of influence around it (see Figure 2), to analyze the
behaviour of the whole installation only that zone will be
studied, instead of the whole and complex domain. In addition
to this, simulations can be considered as two-dimensional
axisymmetric, if the diffuser is seen as a cylindrical body and
one takes into account its azimuthal symmetry. Therefore, the
simulations could be performed on a vertical plane placed
parallel to the airflow stream, as shown in Figure 3 where the



diffuser, its zone of influence (delimited by a red cylinder) and
the computational plane (the black rectangle) are shown. This
plane should extend from the floor to the ceiling of the
enclosure (8 m wide and 8 m high) but, in order to reduce the
computational time, the height of the computational domain
could be halved (8 m wide and 4 m high), solved both planes
numerically and their solutions compared, specially in the
occupied zone (it must be noted that a special boundary
condition, imposed by means of a Fluent UDF, must be used at
the top boundary of the half plane). A good agreement of the
numerical solutions in both planes would mean that the smallest
one could be used. Both planes have been numerically
simulated under the same conditions and their comparison is
shown in Figure 4, where vertical profiles of |v| and T are
depicted at r = 4 m. As one can see, the agreement in
temperature is quite good, while in velocity some divergence
exists around the upper boundary condition. However, since the
agreement in the occupied zone is very good, the halved plane
will be studied numerically to obtain from the numerical
solutions the correlations we are looking for. The main benefit
of this consideration will be a reduction in the computational
cost of the simulations, fact that will allow to generate more
accurate grids with a high node density in certain regions of
interest.

Figure 2 Zone of influence of a diffuser

Figure 3 Close view of the zone of influence around a diffuser.
The black rectangle is the computational domain. The numbers
indicate different boundary conditions

The diffuser under study is a commercial one with a height
(h) of 2 m high and a diameter (D) of 0.81 m. The appropriate
description of air diffusers used in displacement ventilation is
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very difficult in CFD because of the external plate perforations.
Its modelling then requires a large number of nodes to
adequately capture the velocity profiles in each hole, but this
would be a great inconvenience to expedite simulations.
However, a certain distance downstream the diffuser, the
perforations have no influence on the flow, as shown in Figure
5, where a comparison of the dimensionless velocity along
vertical lines is shown in 4 radial locations when two different
diffusers are used: one with perforations and the other without
them. As it will be shown, around 5 cm downstream the
diffusers the velocities are almost the same. The dimensionless
velocity used in the comparison is defined as

M &)
oA
A

where A is the effective area of the lateral face the air goes
through, and A, is the total area of that face. In the diffuser with
no perforations A is equal to A,. Therefore, in Figure 5, on the
one hand, the solid lines correspond to a diffuser with the
lateral plate cut in strips of 1 cm, thus, alternately, it supplies
air or not in order to simulate the effect of the perforated plate.
While, on the other hand, the dotted lines correspond to a
diffuser whose lateral face is completely of air discharge. As it
can be seen in Figure 5, 5 cm downstream the diffuser, the
oscillations produced by the perforations are dimmed and the
profiles obtained using both diffusers are quite similar.
Therefore, using the diffuser without perforations the
computational cost will be reduced and the results will be
practically the same than when a perforated diffuser is used. So,
the computational cost is reduced using a diffuser whose lateral
face is completely discharging air.
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Figure 4 Comparison of the vertical profile of the velocity
magnitude (left) and temperature (right) in enclosures with
different height.

A structured mesh of quadrilaterals elements is used in the
simulations. The elements are compressed in the region close to
the floor to properly resolve the boundary layer. The grid



independence was examined by solving the flow field using
three different mesh configurations with 15,476, 45,441 and
84,992 cells. Practically, the same results were obtained with
the two finer meshes. On the other hand, since the quality of the
mesh plays an important role in the stability and accuracy of
numerical calculations, it is necessary to reach a compromise
between accuracy and computational cost. Therefore, the mesh
of 45,441 cells is chosen for the simulation: the use of the finest
mesh only would increase the computational time.
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Figure 5 Dimensionless profile of the velocity magnitude along
vertical lines in the radial positions indicated

Regarding the boundary conditions used in the simulations,
they are described in detail in Table 1. The location of the
corresponding boundary condition can be checked in the sketch
of the computational domain shown in Figure 3.

-Type: wall

-Area: 221.419 m?

-Temperature: 20°C

-Density: 2,500 kg/m®

-Specific heat: 1,000 J/kg K
-Thermal conductivity: 2.3 W/m K
-Type: mass-flow-inlet

-Area: 5.089 m?

-Mass flow-rate: 1.191, 1.361 and 1.531 kg/s
-Temperature: 21, 22 and 23°C
-Direction: normal to boundary
-Turbulence intensity: 4.49, 4.41 and 4.35%
-Hydraulic Diameter: 2,256 m
-Type: wall

-Area: 5.089 m?

-Heat flux: 0 W/m? (adiabatic)
-Density: 2,719 kg/m®

-Specific heat: 871 J/kg K

-Thermal conductivity: 202.4 W/m K
-Type: pressure-outlet

-Area: 221.419 m?

-Gauge pressure: 0 Pa

1: Floor

2: Supply

3: Air tube
connection

4: Exhaust
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-Backflow total temperature: UDF

- Backflow Direction: from neighboring cell
-Type: symmetry

-Area: 211.241 m?

Table 1 Boundary condition

5: Symmetry

PHYSICAL AND NUMERICAL CONSIDERATIONS

The airflow pattern and temperature distribution in the
enclosure are governed by the conservation laws of mass,
momentum and energy. The flow is assumed to be
axisymmetric, steady-state and turbulent with buoyancy effects
taken into account. The radiation heat transfer was not included
in the model. The air was modelled as an ideal gas.

Regarding the turbulent model, the two-equation k-¢ RNG
(Re-Normalization Group) model [30] was employed in this
study. This model is a very reliable and a commonly used CFD
model for assessment of indoor thermal conditions, as well as it
has been used to simulate the thermal environment in large
space buildings [31] where good agreement between numerical
and experimental results were found. Finally, Upwind Second-
Order scheme and SIMPLE algorithm were used for space
discretization and coupling between pressure and velocity in
the numerical simulations, respectively.

CASES STUDIES

In order to find the above mentioned correlations, on the
one hand, of the amount of energy as convective heat the floor
is able to absorb, that is, the heat flux along the floor, and, on
the other one, of the maximum distance of influence of the
displacement ventilation diffuser, 9 simulations are scheduled.
They are parameterized through the air flow rate V supplied by
the diffuser and its temperature T,. The occupancy rate Rocy, Of
the enclosure is set to 3.75 m%/person while the floor surface is
kept at a constant temperature T¢ of 20 °C. Others occupancy
rates and floor temperatures are going to be studied but they are
still not ready. Therefore, the problem is characterized by three
dimensionless parameters: Reynolds number, Grashof number
and a temperature ratio defined, respectively, as

Re= PVl )
u
3
o2 ﬂATzs—f L , A3)
VS
T =% . Q)
f

The characteristic length (L) of the problem is related to the
effective area of the diffuser as

L, =(A, )2 :(K 27r2h)% ,

that takes both the height and the diameter of the diffuser into
account, and being K the percent of the total lateral area of the
diffuser through which the air is supplied.
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To have an idea of the range of variation of the governing
parameters, Table 2 contains the values used in each simulation
together with the case number for future reference.

Simulation Vs Ts | Rex10® | Grx10® r

(m*h) | (°C) ) () ()
case 1 3,500 21 28110 | 4.0460 | 1.0039
case 2 3500 | 22 | 27943 | 54242 | 1.0073
case 3 3500 | 23 | 27777 | 6.7484 | 1.0108
case 4 4,000 21 3.2253 | 3.7485 | 1.0039
case 5 4,000 22 3.2061 | 5.1406 | 1.0073
case 6 4,000 23 3.1871 | 6.4351 | 1.0108
case 7 4,500 21 3.6336 | 3.4422 | 1.0039
case 8 4,500 22 3.6120 | 4.8889 | 1.0073
case 9 4,500 23 3.5905 | 6.3026 | 1.0108

Table 2 Different cases simulated

CFD RESULTS

In this section, some results obtained by means of numerical
simulations will be presented and discussed. To start with,
Figure 6 shows contours of the velocity magnitude in the
enclosure. It can be seen that the jet has two clearly
differentiated zones: the primary zone, close to the diffuser,
where the flow drops to the floor and the velocity increases due
to the action of buoyancy forces; and the secondary zone,
where the air velocity decreases and the jet maintains a nearly
constant thickness. According to previous investigations [32]
the separation frontier between primary and secondary zones is
defined “as the distance from the diffuser to the point of
maximum velocity”. For example, this distance is equal to
about 2.545 m in case 4, while it is about 2.955 m in case 5.
This difference is attributed to the stronger buoyancy forces in
case 4 (due to a greater temperature difference between the
supply and the enclosure), making the supply air drops faster to
floor level. Those stronger buoyancy forces also explain the
higher velocity of 0.259 m/s reached in case 4 compared to the
maximum velocity of 0.246 m/s reached in case 5.
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case 1 case 4 case 7

case 2 case 5 case 8

case 3 case 6 case 9

Figure 6 Velocity contours (m/s)

I:+

From Figure 6, one can see that the maximum velocity
typically occurs near the floor, specifically at heights between
0.05 m and 0.07 m. This result is consistent with literature data
[33]. On the other hand, the flow in the vicinity of the floor can
be characterized, in a dimensionless way, by the universal
profile used for the description of a wall jet flow [34]. In this
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sense, Figure 7 shows the vertical velocity profiles at different
distances from the diffuser in the secondary zone together with
the universal wall jet profile. Our velocity profiles are made
dimensionless, the velocity with the maximum velocity Vs in
the profiles, and the z-coordinate with a thickness d. This length
scale ¢ is defined as the vertical distance where the velocity is
half the maximum velocity. The good agreement between all
the profiles and the universal one can be understood as a
validation of the obtained numerical results.
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Figure 7 Dimensionless velocity profiles compared with a
universal wall jet profile

In addition, Figure 8 represents the maximum velocity (Vmax)
as a function of the radial distance r to the diffuser for three
representative cases. This maximum velocity should be
proportional to 1/r" where n should be of order unity [35]. As
one can see in Figure 8, where the fitting parameters have been
included, the agreement with the expected results is quite good.
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Figure 8 Radial profile of the maximum velocity

In regard to temperature behavior, Figure 9 shows contours
of the temperature in the enclosure. A thermally stratified layer
is formed due to cold air falling down, and relatively warmer
air is at the higher level, causing a vertical temperature
gradient. The air temperature within the jet does not vary
significantly with the distance from the diffuser.
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Figure 9 Temperature contours (°C)

Figure 10 shows profiles in a vertical line when r = 4 m,
located in the secondary zone. The vertical temperature
gradient is not greater than 2°C/m, what is consistent with
literature data [36]. On one hand, driving a same flow rate (case
1, 2 and 3, see Table 2), air temperature in the enclosure
increases when higher supply air temperatures are used. On the
other hand, driving air at the same temperature (case 1, 4 and 7,
see Table 2), air temperature in the enclosure decreases when
higher flow rates are used.

Temperature

——case 1
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——case 3
3 —a—case 4
case 7

T (°C)
Figure 10 Vertical air temperature profiles

The maximum distance of influence, Diniuence, OF the air
stream supplied by the diffuser is defined as the radial position
where the velocity magnitude drops to a residual value (see
Figure 11). This maximum distance of influence is measured
along a horizontal line at z = 0.1 m above floor. This height has
been chosen because, according to ISO 7730, the discomfort
due to vertical thermal gradients is calculated according to air
temperature difference between the ankles (0.1 m) and head
(1.1 mif the person is seated and 1.7 m if not).

Velocity profile
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Figure 11 Maximum distance of influence (case 7)

Velocity (m/s)

As an example of how this distance is selected, Figure 11
shows the radial profile of the velocity magnitude at z = 0.1 m.
The air flow decelerates along the first meter and then
accelerates along the next 2 meters, reaching the maximum
velocity just when the whole air supplied by the diffuser, due to
buoyancy effects, goes down to the ground level, which in case
7 occurs around 3.3 m from the axis of the diffuser. The
maximum distance of influence is then chosen after the sharp
reduction of the velocity once it vanishes until practically zero,
actually until the residual velocity (Vresidual)-

In order to have the simplest model of the convective heat
flux along the floor, it is going to be modelled as a constant
value, Qconst, IN @ range of radial lengths between 0.65 m (the
radius of the diffuser) and the maximum distance of influence,
as shown in Figure 12, where, for a range of radial positions,
the heat flux can be considered almost constant, with a value
around -1.65 W/m? (dashed line) with the radial coordinate
varying between 0.65 m and 7.2 m (=Difience iN Case 7).

Convective heat flux
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Figure 12 Convective heat flux on the floor (case 7)
The values of the maximum distance of influence and

convective heat flux obtained in each simulation were used to
obtain, by means of a nonlinear regression, the corresponding
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correlations as a function of the dimensionless parameters of
the problem. They can be written as

(6)
(7)
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Figure 13 Confrontation of Djguence DetWeen the applied
correlation (6) and numerical values
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Figure 14 Confrontation of gconst between the applied
correlation and (7) and numerical values

In what follows, the goodness of the correlations is checked.
To that end, the subscripts “est" and "num" are used to name
the values estimated by the correlations and those obtained
numerically from the simulations, respectively, and both values
will be compared. In that sense, Figure 13 shows the maximum
distance of influence obtained numerically in the simulations
and the value given by the correlation (6) when is evaluated
with the dimensionless parameters of the numerical
simulations. It can be seen that the errors committed in the
estimation are less than 2%. In the same way, Figure 14
compares the convective heat flux estimated by the correlation
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(7) and that obtained numerically in the simulations. In this
case, the errors committed in the estimation are less than 8%.

APPLICATION EXAMPLE

In order to clarify the way the correlations can be used to
aid in the dimensioning of a hybrid system (DV+RCF) for
cooling purposes, let's imagine the problem of distributing
diffusers uniformly in a enclosure similar to that shown in
Figure 1, e.g. the boarding area of an airport. This enclosure is
characterized by a high solar heat gain on the floor, commonly
high rise and high occupancy rates, facts that make it an
interesting example for installing the hybrid cooling system
proposed. Actually, it is the most common cooling system used
in airports throughout the world.

The surface to be cooled is, let's say, about 4,000 m? (=A.),
and the cooling system must combat a peak load of 160 kW
(Quool peak), Which is a typical value for south-facing buildings in
places with Mediterranean climate. This load also takes into
account the thermal loads transmitted through walls, solar
radiation, outside air infiltration, occupancy and lighting.
Therefore, that load will be the maximum cooling demand, and
will be used for sizing the air conditioning system.

The temperature difference between the air exiting the
diffuser and indoor air, together with the air flow rate supplied
to the enclosure, allow us to calculate the total amount of heat
must be combated by the ventilation system, which should be
equal to, or higher than, the sensitive cooling load, that is

V, pC, AT,
3,600

The use of a low temperature difference 47 increases the
time for “free cooling”, contributing significantly to energy
saving. Depending on the level of activity of persons, A47; can
vary from about 1 °C to 6 °C. Therefore, if the air supplied by
the diffuser is injected at 21 °C and the temperature in the
occupied zone is set to 24.5°C, the temperature difference is
3.5 °C. Therefore, the required air flow rate is obtained from
equation (8) and is equal, approximately, to 134,000 m*h.

Assuming that the selected commercial diffuser has an outer
diameter (D) of 0.81 m, a height (h) of 2 m, a percent (K) of
68.5% and supplies an air flow rate (Vi) of 4,200 m?h,
therefore, a total of 32 diffusers are needed for injecting the
required air flow rate.

Thus, evaluating equations (2), (3) and (4), it follows that
the Reynolds number is equal to 4.0978x10* the Grashof
number is equal to 4.2015x10° and the temperature ratio is
equal to 1.0034 (which is fixed by the occupancy rate).

On the other hand, it is necessary to ensure that the
diffusion of the air injected by the diffuser is able to cover the
entire surface of the enclosure. This requires that the influence
area of all diffusers, which is calculated according to equation
(9), must be greater than the surface of the enclosure, that is

Ainfluence = Nd a (Dinfluence)2 = Ae . (9)

The maximum distance of influence, using equation (2), is
7.3 m, and substituting this value in equation (9) the influence
area is equal to 5,357 m? (greater than the area of the

(8)

= Qcool peak *



enclosure). On the other hand, the convective heat flux along
the floor can be obtained using (7) and it is -1.7 W/m?, where
the negative sign indicates that the floor absorbs the heat flux.
This value is important in order to adequately dimension the
cooling system installed under the pavement.

CONCLUSIONS

The present document delves into the modelling of hybrid
cooling systems (composed of ventilation diffusers and a
cooling floor) to help in their dimensioning when they are
going to be used in large diaphanous enclosures. To that end, a
set of numerical simulations have been carried out to obtain a
couple of correlations to predict the distance of influence of
each diffuser, as well as the heat flux along the floor
(considered as constant up to the distance of influence). These
correlations depend on the dimensionless governing
parameters: Reynolds number; Grashof number and
temperature ratio. The proposed correlations have been used in
the application example. It has shown how to use them in an
enclosure of about 4000 m%
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