The effect of the grooved elastic damping component in reducing friction-induced vibration
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Abstract:

In this work, the effect of the grooved elastic damping component on the friction-induced vibration is investigated by using both experimental and numerical analysis. Experimental results show that the Styrene Butadiene Rubber (SBR) with grooves on its surface can reduce the vibration level, suppress the generation of vibration frequency and alleviate the effect of disc surface run-out. To reveal the role of the grooves in modifying friction-induced vibration, three SBR components with grooves distributed on three different regions are tested. The results show the grooves in the middle region can reduce the vibration amplitude, while the grooves in both the leading and trailing regions can eliminate higher vibration frequency. Numerical analysis is performed to provide reasonable explanations on experimental phenomenon.
Key words: Friction-induced vibration; Damping; Grooves; Numerical analysis.

1. Introduction

Friction-induced vibration is a typical self-excited vibration phenomenon, which can be commonly observed in many mechanical applications, such as powertrains, automobile clutches, vehicle brake systems, lead screw drives, frictional belts and mechanical gear systems [1-7]. This vibration generated from the contact interface will cause wear and damage of the contact interface and even failure of mechanical systems. It is reported that more than three quarters of failure events of machine parts are caused by friction-induced vibration and its related problems [1]. Therefore, a thorough comprehension of friction-induced vibration and consequent seeking of an effective method to reduce and eliminate it is extremely significant.
Over the last decades, much meaningful research work has been conducted to identify the critical factors for the generation of friction-induced vibration [8-12]. Comprehending the mechanisms that generate friction-induced vibration phenomenon will be an important contribution to the extensive research and industrial applications. Up to present, various experimental and numerical methods have been conducted to investigate this subject and its related issues [13-25]. However, due to the fact that the friction-induced vibration is very sensitive to many variables, such as the stiffness of the components, surface topographies, physical and chemical properties of the materials in frictional contact and the interface, usage history and many operating and environmental conditions, friction-induced vibration is characterized by immense complexity [13]. Until now, there is no fully satisfactory and well validated general theory of friction-induced vibration.

Considering the fact that friction-induced vibration is originated from the unstable vibration of the contact interface, an efficient way to improve the vibration behavior is to modify the contact characteristics of the contact interface. Much related research work has been reported [26-32]. Oberst and Lai [26] numerally verified that adding single vertical slot on the pad surface can considerably suppress the unstable friction-induced vibration and consequently reduce the acoustic power amplitude. Gweon et al. [27] experimentally proved that the brake friction materials with chopped glass fibers would lead to lower amplitude friction-induced vibration. Wang et al. [28] confirmed that the brake disc sample with a certain configuration of grooves could modify the contact pressure distribution, which consequently stabilize the friction system. Dufrénoy et al. [29] introduced a realistic rough surface of asperities at the brake-pad interface, and found that the contact pressure and unstable vibration could be reduced with the decrease of the surface roughness magnitude. Abubakar and Ouyang [30] found that locating the piston towards the trailing side of the pad was an efficient way to symmetrize the pressure distribution at the disc/pads interface, and thus helped stabilize a brake system. 
On the other hand, the vibration caused by friction can be affected by introducing damping components to the friction system [33-39]. In the automobile industry, many schemes of adding damping have been implemented to stabilize the brake system. Triches Jr et al. [33] selected a constrained damping layer deliberately, and introduced it to the brake system. They found that the damping component could effectively dissipate the energy and consequently reduce squeal of the brake system. Kang et al. [34] numerically investigated the relationship between the damping shim and the unstable modes of the brake system, and proved that the damping shim could effectively reduce squeal generated by the dominant out-of-plane modes, however, it could not suppress the squeal associated with the in-plane disc modes. Festjens et al. [35] gave an overview of the actual role of multi-layered viscoelastic damping shim in suppressing brake squeal noise. Their results exhibited the fact that the damping shim could effectively suppress the brake eigenmodes in a certain frequency range. Massi et al. [36] found that introducing a homogenous distribution of damping could stabilizes a brake system, while a non-uniform repartition of damping would facilitate the generation of unstable vibration. Sinou et al. [37] numerically studied the effect of damping on the stability of a friction system, and confirmed that the damping components should be added carefully, and there existed threshold value of the damping factor which can help obtain the largest stable region.
The above mentioned studies indicate that there are two effective approaches for reducing vibration of the friction system: the first one is optimizing pressure distributions between the contact pairs by modifying the contact states, and the second is adding appropriate damping components in the friction system. However, the research work on reducing friction-induced vibration by simultaneously combining these two methods, i.e. using damping components to modify the contact characteristics of the interface, and consequently reduce friction-induced vibration, is rarely reported.

Nowadays, elastic damping components with grooves have been widely used in many industrial equipment [40-42], however, the related research work is mainly focused on the ability of grooved damping components in isolating the vibration transmission as well alleviating impact, and the knowledge of the relationship between the grooved damping components and the contact characteristics of the interface is limited. Moreover, the mechanism on how the grooved damping component affects the friction-induced vibration behaviour of the contact interface remains somehow mysterious. Therefore, a thorough comprehension of the effect of grooved damping components on friction-induced vibration is extremely worthwhile, which is of considerable importance for the optimal design of damping components to reduce friction-induced vibration.

In this work, the friction-induced vibration phenomenon of a system is studied in which a damping component is introduced for reducing vibration and modifying the contact pressure which in turn will enhance vibration reduction performance, by means of both the experimental and numerical methods. The aim of this work is to provide the theoretical basis for the design of grooved damping components with the purpose of reducing the vibration of the contact interface. A new test bench, which is able to reproduce the friction-induced vibration phenomenon in controlled environment easily, is developed. Damping component surfaces with different kinds of groove configurations are tested in this test system, and the capabilities of these grooved damping components in reducing friction-induced vibration are estimated by comparing their dynamic performance and a possible physical explanation for them is also provided.
2. Experimental details
2.1 Details of test bench
To reproduce the friction-induced vibration phenomenon and accordingly perform related research, a new test bench is developed. This test bench is characterized by a pad-on-disc system, in which a friction contact is established between the disc and pad samples. Thanks to the simple mechanical structure, this test bench permits the occurrence of friction-induced vibration at the contact surface easily and the test results can exhibit high repeatability. Moreover, the controlling parameters, such as disc rotating speed, normal pressure and atmospheric conditions can be easily adjusted, which are used to reproduce the friction-induced vibration phenomenon in different working conditions.
The test bench mainly consists of a rotating disc sample and a small friction pad sample which is pressed against the disc by constant pressure, as shown in Fig. 1. The disc is assembled with the shaft by two flange plates, which rotates in a horizontal plane. The rotating speed of the disc can be adjusted by the 3 KW AC servo motor from 5 rpm to 75 rpm. The friction pad sample is hosted by the support, which is connected with the 2-D strain-gauge force sensors. The loading device mainly consists of a linear bearing, a push rod, a buffer spring and a cylinder. At the start of the test, the cylinder provides a constant pressure to the push rod, which pushes the rod to go through the linear bearing and accordingly presses the pad sample against the rotating disc sample. The 2-D strain-gauge force sensors are used to measure the normal and tangential force of the friction system. A three-axis acceleration sensor is located on the support to measure the vibration signals generated from the friction system. 
 Before testing, both the disc and pad surfaces are cleaned by acetone. A running-in procedure is conducted for the pad samples to obtain a well flat-on-flat contact. All tests are performed in a strictly controlled ambient environment (24~27 °C and 60±10% RH). In the tests, the imposed constant normal load is 550 N (equivalently an average contact pressure of 0.08 MPa), the rotary motor velocity is 14 rpm, and the whole testing period is 120 s. Each test presented in this experimental study is conducted more than three times to obtain experimental results with good repeatability. Between consecutive tests, there is a 60 s idle duration to dissipate the heat of the disc surface. In addition, acetone is also used to clean the samples’ surfaces to avoid the influence of residual wear debris.
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Fig. 1. View of the experimental test bench.
2.2 Sample preparation
In this study, the disc sample is made of Q345 steel, which possesses the internal diameter 80 mm, external diameter 316 mm and thickness 15 mm. The pad sample with height of 20 mm (without the damping component to be described below) and rectangular cross section of 60 mm×40 mm is used as the counterpart, which is composed of steel backplate and friction material.
In this study, relatively hard Styrene Butadiene Rubber (SBR) is selected as the damping component, to investigate the role of elastic damping component in modifying the friction-induced vibration behaviour. The first main reason to select SBR in this study is that the SBR is widely used as the material for cushions, tires, electric wires, etc; however, it is not certain whether SBR can affect the friction-induced vibration [43-44], the second main reason is that the damping property of SBR is not affected by the external force or structural modifications, which affect the friction-induced vibration of the contact interface. The initial contact position of the contact pairs is shown in Fig. 2(a), in which the distance between the disc centre to the inner edge of pad surface is 110 mm. Firstly, two different structures of SBR are introduced into the space between the pad and support samples (through glued connection with the pad and the support): SBR with smooth surface, and SBR with grooves spread across its surface at a regular interval, to test the ability of grooved SBR in reducing the friction-induced vibration. Then, to further identify the role of grooves in modifying the friction-induced vibration performance, and consequently verify the region where grooves can significantly affect the friction-induced vibration of the contact surface, three customised SBR with grooves distributed on three different regions (leading side, middle and trailing side of the pad surface) are manufactured, as shown in Fig. 2(b).
To distinguish SBR with different structures, some abbreviations are defined as the following: D-S indicates the damping component with a smooth surface, D-G indicates the damping component with grooves across the whole surface; D-L-G, D-M-G and D-T-G indicate the damping components with grooves cut on the leading side, middle side and trailing side of the surface, respectively. The damping components are a cube with the dimension of 60 mm×40 mm×5 mm, and the grooves in this study have width of 3 mm and depth of 2 mm, the ridge between grooves is 5 mm wide. 
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Fig. 2. The initial contact position between pad and disc (a) and five different structures of damping components (b).
2.3 Finite element (FE) model of the test bench
The FE model created in this study is shown in Fig. 3(a), which is composed of seven main components: a disc sample, a pad sample, a pad support, two force sensors, a push rod and a top part. For the contact pairs, the disc surface is defined as the master surface since it possesses a relative coarser mesh and harder material than that of pad surface, the pad surface is accordingly defined as the slave surface. The contact interface is assumed to be perfectly flat, and the thermal effects of the materials in contact are neglected. This FE model uses up to 71656 brick elements and approximately 78000 degrees of freedom. All the components created in this model are meshed by using eight-node (C3D8) brick elements. 
Fig. 3(b) shows the constraint conditions of this FE model. The shaft hole of the disc is rigidly constrained except in the rotational direction around the Y axis. A constant normal force is imposed to the top part surface, which facilitates the friction contact between the pad and disc samples. Moreover, springs are set at the local region of the push rod where it is constrained by a set linear bearing, which holds the push rod Z (radial) direction but allows movement in the X direction, to model the contact between the push rod and linear bearing in the test bench. Nearly all of the boundary conditions defined in this FE model can represent the real test bench, apart from the thread and glue connections between components, which are set as tie constrains.
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Fig. 3. The FE model of the test bench (a) and the load and boundary conditions of the friction system (b).
3. Comparison of the D-S and D-G friction systems
3.1 Experimental test results and discussion
Before carrying out the formal tests, the surface run-out property of the disc sample is measured by using a clock gauge, as shown in Fig. 4. The surface run-out property indicates the surface irregularity of the disc surface, thus the height distribution of the disc at every five degrees in the circumferential direction is recorded. The measured vibration accelerations signals in both the normal and friction (tangential) directions from 100 s to 120 s are shown in Fig. 5. The time period corresponds to the steady stage in which friction-induced vibration generated from the original friction system (without the damping component introduced) is steady. For the original friction system, the vibration acceleration signals in these two directions exhibit visible oscillations in this period, which indicates the generation of intense friction-induced vibration at the interface. On the other hand, due to the effect of surface run-out, 5 visible bursts of abrupt oscillations in both the vibration signals can be observed. For the D-S friction system, the amplitudes of vibration acceleration signals show smaller values compared with the original friction system, which suggests a lower level of friction-induced vibration. In addition, the effect of surface run-out on the abrupt oscillations of vibration signals is alleviated, and the amplitudes of the abrupt oscillations decrease significantly. Nevertheless, the vibration accelerations of the D-G friction system exhibit the lowest amplitude, and no visible abrupt oscillations of the vibration signals can be detected. Therefore, the D-G friction system can significantly reduce the friction-induced vibration and alleviate the effect of surface run-out, which consequently help prevent the generation of the bursts of vibration.
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Fig. 4. The height distribution of the disc sample.
[image: image7.png]Normal vibraion acceleration /m e s

Original system

15 - - —
100 105 110 115 120

D-S system

-15 . I . I . I .
100 105 110 115 120
15
10 N D-G system

-15 I . I . I . I

100 105 .110 115 120
Time /s



     [image: image8.png]() 4

Tangential vibraion acceleration /m e s

20

-20

-40

Original system

100

105

110

115 120

40

-40

D-S system

100

105

110

115 120

40

20

-40

D-G system

100

105

110

Time /s

115 120




Fig. 5. Time history record of vibration accelerations in the normal (a) and tangential (b) directions.
In order to better show the effect of the grooved damping component on reducing the friction-induced vibration, the root-mean-square (RMS) values of the vibration accelerations for all the friction systems in both the normal and tangential directions are calculated, as shown in Fig. 6. A total of six groups of test data are recorded (without and with damping components). It can be found that adding damping into the friction system can significantly reduce the friction-induced vibration intensity (RMS values), and the grooved damping component possesses the best potential in reducing the friction-induced vibration intensity.
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Fig. 6. The RMS values of the vibration acceleration records in the normal (a) and tangential (b) directions.
The power spectral density (PSD) analysis of the tangential vibration acceleration is performed for all the three friction systems, as shown in Fig. 7. For the original friction system, the tangential vibration acceleration signal is characterized by two main frequencies, i.e. 125 Hz and 475 Hz. While for the damped friction system, the vibration frequency with lower value and energy can be detected, this phenomenon indicates that the damping components contribute to reducing the friction-induced vibration level significantly. It is noted that the damping components have little effect on the values of vibration frequencies, this may because that the natural frequencies of the friction system is strongly related to the properties of system structures and materials, and the relatively small and soft damping components have little effect in modifying the properties of system structures and materials. Thus, the damping components may not significantly affect the fundamental vibration frequency of the friction system. Therefore, introducing damping components into the friction system would not significantly affect the fundamental frequency of friction-induced vibration, while it can reduce the energy levels contained in the excited frequencies and accordingly help stabilize the friction system. 
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Fig. 7. The PSD analysis of the vibration acceleration for the three friction systems.
3.2 Numerical simulation results and discussion
3.2.1 Validation of the FE model
In order to ensure that the created FE model can well reflect the dynamic characteristics of the real experimental system, two steps of validation are performed, i.e.: (a) validate the material parameters of the individual components, such as the disc, pad and SBR samples (then the identified material parameter values will be used in the FE model); (b) validate the accuracy of the FE model at assembly level, based on the measured frequencies of the whole system (but without rotating the disc). 
Firstly, a hammer impact test is carried out to excite the natural frequencies of the disc and pad samples to identify their material parameters. To reduce relative errors between the experimental results and predicted frequencies, FE model updating is conducted. Table 1 exhibits the predicted natural frequencies of the disc and pad samples, which are quite close to those measured in the hammer impact test. For the damping components, the SBR is assumed to be characterized by hyperelastic material and follow the Mooney-Rivlin model. A uniaxial tensile test is performed and the corresponding Mooney-Rivlin parameters are calculated. All the material parameters of the FE model are listed in Table 2. 
Table 1 Comparison between the predicted results and the measured data of disc and pad
	Component
	Mode
	Testing values (Hz)
	FEA values (Hz)
	Error (%)
	Mode shape

	
	1
	737
	735.5
	-0.2
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	Disc
	2
	1812.5
	1790.3
	-1.2
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	3
	3162.5
	3114.5
	-1.5
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	1
	337
	339.3
	0.69
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	2
	600
	604.4
	0.74
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	Pad
	3
	912
	924. 4
	1.32
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	4
	1237.5
	1256.6
	1.5
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Note: the pad sample used in the hammer test is larger than that used in the friction-induced vibration test.
Table 2. The material parameters of the components used in the analysis.

	Component
	Density (kg/m3)
	Young’s modulus (GPa)
	Poisson’s ratio
	Viscous Damping factor
	Mooney-Rivlin

Parameters

	Disc
	7800
	230
	0.27
	—
	—

	Pad backplate
	7000
	180
	0.3
	—
	—

	Pad friction material
	4500
	20
	0.29
	0.02
	—

	Support
	7670
	196
	0.3
	—
	—

	Force sensor
	7850
	190
	0.28
	—
	—

	Push rod
	7800
	200
	0.3
	—
	—

	Top part
	7800
	200
	0.3
	—
	—

	SBR
	—
	—
	0.499
	0.04
	C10=1.86
C01=2.76


The second validation step is conducted at the assembly level, using the corresponding boundary conditions with the normal load (but without rotating the disc sample). In this validation step, a hammer impact test is conducted on the disc, because of its more regular shape than the other components. Good agreement is found between the measured data and the predicted results, as shown in Table 3.
Table 3. Comparison between the predicted results and the measured values for the assembly model
	Mode
	Testing values (Hz)
	FEA values (Hz)
	Error (%)
	Mode shape

	1
	1062.5
	1125
	-5.8
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	2
	1362
	1320.8
	-3.0
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	3
	1962.5
	2036.8
	3.8
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	4
	2137
	2123.8
	-0.6
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	5
	3300
	3236.7
	-1.9
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	6
	4800
	4577.1
	-4.6
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3.2.2 Complex eigenvalues analysis results
In this section, the complex eigenvalues analysis (CEA) method is adopted to identify the unstable dynamic propensity of the friction systems and validate the reliability of this numerical model. Calculating the eigenvalues of the friction system is an efficient approach to evaluate the tendency of unstable vibration of the friction system, the system will generate unstable vibration when the eigenvalues possess positive real parts. The positive real parts indicate the growth rate of unstable vibration, while the corresponding imaginary parts indicate the excited vibration frequencies, respectively. In this section, the CEA is carried out in ABAQUS 6.10. The reliability of the FE model is verified through comparing the calculated main frequency of unstable vibration with the measured friction-induced vibration main frequency. For the detail calculation process of this method, Ouyang et al. [45] and Massi et al. [46] made a detailed description in their publications.
Fig. 8 indicates the imaginary parts (frequency) of complex eigenvalues of the three friction systems, with the increase of friction coefficient (μ) from 0 to 0.7. For all the friction systems, two different frequencies star to converge to one value when the friction coefficient reaching a certain value. This phenomenon suggests that all of the three friction systems can generate unstable vibration under the friction. It can be found that for the original friction system, the unstable vibration frequency of 480 Hz calculated by the CEA is quite close to the measured noise frequency of friction-induced vibration of 475 Hz. The slight difference between test and simulated results is attributed to the simplifications of the FE model. Whilst for the damped friction systems, the unstable vibration frequency obtained by CEA is also close to the test data. Moreover, it is noticed that the calculated unstable vibration frequencies of the damped friction systems are slightly lower than that of the original friction system, which is consistent with the test results. It is worth noting that the lower measured unstable vibration frequency of 125 Hz is not predicted by using the CEA. This is thought to be because CEA in ABAQUS is designed to predict mode-coupling-type dynamic instability while the 125 Hz noise is not due this type of instability. In general, the FE model can well reflect the dynamical property of the friction system.
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Fig. 8. Mode coalescence of the original friction system (a), D-S friction system (b) and D-G friction system.
3.2.3 Physical explanation for the experimental phenomenon
The test results have shown that the D-G friction system exhibits the best performance in suppressing the friction-induced vibration, and adding damping components can effectively alleviate the effect of surface run-out on the friction-induced vibration, and consequently avoid the occurrence of bursts in the acceleration signals. In this section, a possible physical explanation on the above mentioned phenomenon is provided, by using the numerical analysis.

Fig. 9 illustrates the unstable mode shapes of the three friction systems when the friction coefficient μ=0.45. For the original friction system, it is seen that self-excited vibration mainly takes place on pad-subsystem, which can be depicted as the flexural motion of the pad subsystem sliding along the friction (X) direction. Therefore, the original friction system has a strong potential in generating unstable vibration in this mode shape. While for the damped friction systems, although the pad sub-system also exhibits the flexural motion, the unstable mode shape mainly contains the deformation of the damping component. Unlike the unstable mode shape of the original friction system in which the pad sample deforms to form a certain angle with respect to the disc surface, the pad samples in the damped friction systems almost remain parallel to the disc surface. This phenomenon indicates that the damped components can suppress the flexural motion generated from the pad sample, and consequently keep the pad sample in good contact with the disc sample. Therefore, it can be speculated that the damping component plays a significant role in influencing the contact state during the process, that is, helps the contact pairs maintain a good contact condition with each other, and accordingly alleviates the effect of surface run-out.
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Fig. 9. Unstable mode shape of the original friction system (a), D-S friction system (b) and D-G friction system (c) at the case of friction coefficient μ=0.45. 
The effective damping ratios (ξ) of the friction systems are plotted in Fig. 10, the corresponding friction coefficient (μ) is ranged from 0.3 to 0.7. In the CEA results, the smaller the effective damping ratio (ξ), the easier for the corresponding unstable vibration to occur. It is found that the effective damping ratio (ξ) of the original friction system is smaller compared with the damped friction systems, which suggests that the original frictions system may generate unstable self-excited vibration more easily. While for the D-G friction system, the values of the effective damping ratio (ξ) are larger, thus the D-G friction system exhibits better stability and may not easily generate intense self-excited vibration.
[image: image31.png]Effective damping ration (&)

-0.3

—&— Origin system
—0— D-S system
—&— D-G system

0.4 0.5

0.6

Friction coeffiocient (L)

0.7




Fig. 10. The effective damping ratios (ξ) of the three friction systems.
To explain the test phenomenon that why the D-G friction system exhibits the best potential in suppressing the friction-induced vibration, the contact pressure distributions of pad surfaces for all the three friction systems are provided, as shown in Fig. 11. The criterion to evaluate the ability of a friction system in suppressing the friction-induced vibration is a more uniform distribution of contact pressure with a larger contact area but lower values [28, 47, 48]. For the original friction system, the contact pressure is spread over only a small contact area, most of the pressure is concentrated at the pad surface’s leading edge and the maximum contact pressure (in red colour) is placed at the leading point. While for the damped friction systems, the pad surfaces exhibit significantly lower pressure values and more uniform of pressure distribution compared to the case of the original system. Moreover, the contact pressure of the D-G friction system shows a higher uniformity distribution, and its maximum value is found to be lower than that of the D-S friction system. Considering that the more uniform distribution and lower value of the contact pressure is helpful stabilizing a friction system, thus the D-G friction system has a great potential in suppressing friction-induced vibration.
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Fig. 11. Contact pressure distribution for all the three friction systems.
4. Comparison of the D-L-G, D-M-G and D-T-G friction systems
The above results show that adding grooved damping component in the friction system can significantly suppress the level of friction-induced vibration. However, the role of the grooves in modifying the dynamic behaviour of friction system still seems mysterious, and the effect of the grooves on the friction-induced vibration still need to be further revealed. Only a thorough comprehension of the role that grooves play in modifying the dynamic behaviour of the friction system, can a better design for the damping component is produced, which may consequently provide the theoretical basis for the optimal design of damping component to reduce and suppress the friction-induced vibration.
4.1 Experimental results and discussion
Considering that the grooves in different regions of SBR surface may withstand different forces and thus produce different deformations, the grooves in different regions may play different roles in modifying the dynamic behaviour. In order to further reveal the role of the grooves, three customised SBR components with grooves distributed on three different regions of the surface are prepared. The testing parameters and conditions for these kinds of samples are the same as mentioned above.
Fig. 12 shows the vibration acceleration of the three friction systems in both the normal and tangential directions during the period of 100-120 s. For both the D-L-G and D-T-G friction systems, the vibration acceleration magnitude maintains at a high level during this period, while the vibration amplitudes of the D-M-G systems are visibly lower than that of the D-L-G and D-T-G friction systems, indicating that the D-M-G friction system has a better performance in suppressing the magnitude of friction-induce vibration. Therefore, it can be speculated that the grooves in the middle region of the damping surface play a significant role in reducing the vibration intensity, while cutting grooves on the leading/trailing side of the damping surface may weaken the effect of the middle grooves in reducing the amplitude of vibration.
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Fig. 12. The recorded vibration accelerations signal in the normal (a) and tangential (b) directions for all the three friction systems.
The power spectral density (PSD) analysis of the vibration acceleration is carried out for the three friction systems, as shown in Fig. 13. Although the D-M-G friction system exhibits the best performance in reducing the vibration intensity, the main vibration frequency of this friction system cannot be thoroughly eliminated. Comparing with the D-G system, although the energy level contained in the 125 Hz is slightly reduced (from 106 dB to 102 dB), the visible main frequency of vibration of 475 Hz is still prominent. While neither of the D-L-G and D-T-G friction systems performs as well as the D-M-G friction system in reducing the vibration magnitude, they exhibit good potential in suppressing generation of vibration frequency at 475 Hz. Nevertheless, both exhibit higher energy levels at the frequency of 125 Hz. Therefore, it can be deduced that the grooves in different regions of damping material surface play different roles in modifying the dynamic behaviour. The grooves in the middle region of the surface can reduce the vibration amplitude of the contact interface, but shows no ability in eliminating the vibration frequency, while the grooves in both of leading and trailing regions of the surface can eliminate higher vibration frequency to some extent, but they cannot help reduce the vibration amplitude, as shown by the higher energy level in the lower vibration frequency range. The specific PSD results of the D-G, D-L-G, D-M-G and D-T-G friction systems are summarized in Table 4.
For these three friction systems, although the grooves are distributed on the different regions of damping material, the natural frequency of the friction system will not be strong affected, thus the friction-induced vibration frequencies of these three friction system are almost the same with each other. On the other hand, it is speculated that the different values of the PSD results may be attributed to the symmetry pad subsystem. When cutting grooves on the middle region of damping component, the pad subsystem is still symmetrical as the origin pad subsystem, thus grooves in the middle region of the surface shows no ability in eliminating the vibration frequency. While cutting grooves on both of leading and trailing regions of the surface, the symmetrical property of the pad subsystem is broken down, thus the energy level distribution in different vibration frequencies will be modified. 
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Fig. 13. The PSD analysis of the vibration acceleration for the three friction systems.
Table 4. Summary of the PSD results of the D-G, D-L-G, D-M-G and D-T-G friction systems
	Results summary
	D-G
	D-L-G
	D-M-G
	D-T-G

	PSD results (at 125 Hz) 
	124 Hz 

106 dB
	125 Hz 

  112 dB↑
	125 Hz 

  102 dB↓
	123 Hz 

  117 dB↑

	PSD results (at 475 Hz)
	470 Hz 

103 dB
	470 Hz 

  96 dB↓
	475 Hz 

103 dB  
	435 Hz 

  93 dB↓

	Tangential vibration magnitude (RMS)
	1.42
	 1.76↑
	 0.87↓
	 2.23↑


Fig. 14 plots the normal and tangential forces of the three friction systems, which are measured by the 2-D strain-gauge force sensors. It can be found the normal force signals of the three friction systems are almost similar with each other, while the tangential force signals show visible differences among them. For the D-L-G friction system, the amplitude of the tangential force is significantly larger compared with the D-M-G and D-T-G friction systems, and the D-T-G friction systems exhibit the lowest tangential force among them. 
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Fig. 14. The normal (a) and tangential (b) forces for the three friction systems.
4.2 Numerical Methodology
In this study, ABAQUS/Standard solver is selected to simulate the dynamic friction process of the friction systems in the time domain. In the simulation process, the Coulomb’s friction law is used to calculate the friction forces between the contact pairs. 
The equation of motion of the friction systems can be written as [49, 50]:
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In Eq. (1), M represents the consistent mass matrix, 
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represents the internal force vector, which takes into account the effect of friction coupling, and
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is the applied force vector.

The implicit integration operator replaces Eq. (1) with a balance of d'Alembert forces at the end of the time step and a weighted average of the static forces at the beginning and end of the time step, thus Eq. (1) can be expressed as:
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 is the sum of all Lagrange multiplier forces associated with all degrees of freedom N. The Newmark formulae for displacement and velocity integrations are 
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In the implicit dynamic analysis procedure, the ratio between the maximum time step and the minimum period 
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 is set to 0.0001 s (equivalent to 10000 Hz) in this study. This integration frequency is much higher than the main frequency of friction-induced vibration (about 470 Hz) of the friction system. Two main steps are required to simulate the dynamic behaviour of the friction system. Firstly, a nonlinear static analysis step is used to apply the normal load on the surface of the top part and the static contact pressure at the disc-pad interface is determined. Secondly, the implicit integration is run to calculate the dynamic response of the friction system.

4.3 Numerical simulation results and discussion
4.3.1 Vibration response analysis
In the implicit dynamic analysis, the sliding formulation is finite sliding and the friction formulation is the penalty method. Firstly, a normal force of 550 N is applied on the surface of the top part. Thereafter, the disc starts to rotate at a constant rotational speed of 1.413 rad/s. The friction coefficient (μ) is set at 0.4. An observation point is set on the support surface to record the vibration signals, and the point position is consistent with the 3-D acceleration sensor located in the experimental test.

Fig. 15 shows the simulated vibration accelerations in two (normal and tangential) directions for the three systems. For the cases of D-L-G and D-T-G systems, the accelerations signals in these two directions exhibit visible and intense fluctuations at the start and develop over a period of time, which suggests that high-amplitude vibrations are generated in these two friction systems. In addition, it can be observed that vibration levels of both friction systems are very similar. While for the D-M-G system, although visible fluctuations are observed for the vibration acceleration signals, the magnitudes of the vibration accelerations exhibit a visible reduction in comparison with those of the D-L-G and D-T-G systems. These simulated results are qualitatively consistent with the experimental results, as shown in Fig. 12. Therefore, the vibration level of the D-M-G system is lower than those of the D-L-G and D-T-G system. 
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Fig. 15. Numerical results of normal (a) and tangential (b) vibration accelerations for the three friction systems.
It has been demonstrated that brake-type friction systems tend to generate unstable vibration when highest contact pressure is concentrated at the leading edge [28, 47, 48, 51]. Considering this, the contact pressure distributions of pad surfaces for the three friction systems are summarised, to reveal the underlying mechanism and explain why the D-M-G system possesses a better potential in reducing the vibration level. Fig. 16 plots the local contact pressure calculated by dynamic analysis at four different time steps. For both the D-L-G and D-T-G systems, the pad’s leading edge becomes the main region of pressure concentration, and the highest pressure always occurs at the leading point in this period (Fig. 16(a) and (c)). While for the D-M-G system, the contact pressure distributions is remarkably different from those of the other two systems. Apparently, the highest pressure of pad surface varies its location constantly and does not always occur at the leading point (Fig. 16(b)). This phenomenon suggests that the cutting grooves in the middle region of damping component can reduce pressure concentration of contact interface and consequently create a favourable contact pressure distribution to reduce the unstable vibration level.
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Fig. 16. The contact pressure distribution calculated at the pad surface of D-L-G system (a), D-M-G system (b) and D-T-G system (c) for four different time steps.
4.3.2 Physical explanation for the different tangential forces
The experimental results shown in Fig. 14 indicate that the friction force signals of D-L-G friction system are visibly larger than those of the D-M-G and D-T-G friction systems, and the D-T-G friction system exhibits the lowest value among them. Considering that there is strong relationship between the friction force and the contact area between the disc and pad samples, thus it is necessary to observe the wear topography to try to relate groove distributions with the real contact features.

The real contact area of the pad surface is shown in Fig. 17. For the leading side of the pad surface which exhibits relatively complicated wear morphologies, a noticeable amount of surface damage and material exfoliation can be observed. This indicates that the leading side of pad surface undergoes severe wear. While for the trailing side of pad surface, the surface is relatively well preserved, no visible severe ploughing and material exfoliation is found. This indicates that there is a local separation between pad’s trailing side and disc surface. Therefore, it is necessary to evaluate the value of the lateral deformation (X direction) of point A, as shown in Fig. 18, the larger magnitude of the lateral deformation indicates the larger deformation of the strain gauge and accordingly higher friction force. In this section, the lateral displacement of point A for these three friction systems are extracted and analysed. 
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Fig. 17. Optical images of the pad surface after the test.
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Fig. 18. The schematic view of the contact state between the pad and disc.
Fig. 19(a-c) shows the simulation results of lateral displacements of point A for all the three friction systems in time domain. For the D-L-G system, the displacement signal shows visible continuous fluctuations, and the magnitude of the displacement signal stays at a higher level in this duration (Fig. 19(a)). While for the D-M-G and D-T-G systems, the magnitudes of lateral displacement signal show relatively small value compared with the D-L-G system, which are responsible for the lower friction force. Moreover, it can be found that the displacement magnitude of the D-T-G systems is visibly lower than those of the D-M-G and D-T-G friction systems (Fig. 19(b-c)), thus the D-T-G system shows the lowest value of friction force, which is in good agreement with the experimental results shown in Fig. 14(b). Furthermore, the frictional dissipation energies of the three friction systems are calculated, as shown in Fig. 19(d). The frictional dissipation energy of D-L-G system is found to be significantly larger compared with the D-M-G system and D-T-G system, which suggests the D-L-G system exhibits the largest magnitude of friction force. While for the D-T-G system, the frictional dissipation energy shows that lowest value, which further demonstrates the lowest friction force from the D-T-G system.
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Fig. 19. The lateral displacements of point A for D-L-G system (a), D-M-G system (b), D-T-G system (c) and frictional dissipation energies of the three systems (d) in time domain.

5. Conclusions
In this study, the effect of grooved damping component (SBR) on the friction-induced vibration behaviour is studied by using both the experimental and numerical analysis. Firstly, SBR with smooth surface (D-S) and SBR with grooves spread across its surface at a regular interval (D-G) are introduced to the friction system, respectively, to investigate their different ability in reducing friction-induced vibration. Then, the SBR with grooves distributed on three different regions of surfaces (D-L-G, D-M-G and D-T-G) are tested, to detect the different roles of different regions’ grooves in modifying the friction-induced vibration performance. The conclusions of this work are made as follows:
(1) Both the D-S and D-G can reduce the friction-induced vibration of friction system. Moreover, it is found that D-G has a better performance in reducing the friction-induced vibration level, suppressing the generation of vibration main frequency and alleviating the effect of disc surface run-out. 
(2) The damping component can adjust the contact surface during the process, this adjust behaviour help the contact pairs maintain a good contact condition with each other, and alleviate the effect of surface run-out. Moreover, the contact pressure of the D-G friction system shows a more uniform distribution and relative lower values, comparing to the D-S friction system, thus the D-G friction system has a better potential in reducing the vibration level.
(3) The grooves in the different regions of damping component surface play different role in modifying the friction-induced vibration behaviour. The grooves in the middle region of the surface can reduce the vibration amplitude, but cannot supress the vibration frequency. While the grooves in both of leading and trailing regions of the surface can eliminate higher vibration frequency to some extent, but neither can help reduce the vibration amplitude, as shown by the higher energy levels in the lower vibration frequency range.

(4) The grooves in different regions can significantly affect the amplitude of the friction force. The friction force of the D-L-G friction system is significantly larger compared to the D-M-G and D-T-G friction systems, and the D-T-G friction systems exhibit the lowest value among them. Numerical results indicate that the lateral displacement of the pad sample is strongly correlated to the friction force. 
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