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� We developed a non-linear dynamic model for the thermofluidic oscillator Up-THERM.
� The gas spring model and temperature profile were validated experimentally.
� The experiments show good agreement with the model predictions.
� A parametric study with the validated model was carried out.
� Depending on the design of the engine, high exergy efficiencies can be achieved.
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A non-linear dynamic framework is presented for the modelling of a novel two-phase heat engine termed
‘Up-THERM’, which features a single solid moving-part (piston). When applied across the device, a con-
stant temperature difference between an external (low- to medium-grade) heat source and an external
heat sink is converted into sustained and persistent oscillations of pressure and volumetric fluid displace-
ment. These oscillations are transformed in a load arrangement into a unidirectional flow from which
power is extracted by a hydraulic motor. The Up-THERM engine is modelled using a system of first-
order differential equations that describe the dominant thermal/fluid processes in each component of
the device. For certain components where the deviations from a linear approximation are non-
negligible (gas spring in the displacer cylinder, check valves and piston valve, and heat exchangers), a
non-linear description is employed. A comparison between the linear and non-linear descriptions of
the gas spring at the top of the displacer cylinder reveals that the non-linear description results in more
realistic predictions of the oscillation frequency compared to experimental data from a similar device.
Furthermore, the shape of the temperature profile over the heat-exchanger surfaces is modelled as fol-
lowing a hyperbolic tangent function, based on findings from an experimental investigation. Following
the validation of these important device components, a parametric study is performed on the
Up-THERM engine model with the aforementioned non-linear component descriptions, aimed at inves-
tigating the effects of important geometric parameters and of the heat-source temperature on key perfor-
mance indicators, namely the oscillation frequency, power output and exergy efficiency of the engine.
The results indicate that the geometric design of the displacer cylinder, including the height of the gas
spring at the top of the cylinder, and the heat-source temperature have the most significant influence
on the performance of the engine. A maximum exergy efficiency of 2.8% and a maximum power output
of 175 W are observed at the proposed operating temperature of 450 �C for a nominal Up-THERM design
(based on the physical dimensions of a device prototype and water as the working fluid; the role of the
working fluid is explored in follow-up paper Ref. [1]) but with shorter displacer cylinder gas-spring
lengths relative to a nominal design. The results and insight can assist the further development of this
technology, in particular as a prime mover in combined heat and power applications.
� 2016 The Authors. Published by Elsevier Ltd. This is an openaccess article under the CCBY license (http://

creativecommons.org/licenses/by/4.0/).



Nomenclature

A cross-sectional area (m2)
C capacitance (m4 s2/kg)
c geometrical constant (–)
d diameter (m)
DE voltage difference (V)
F force (N)
f frequency (Hz)
g gravitational acceleration (m/s2)
H Heaviside step function
h height (m)
h heat transfer coefficient (W/m2 K)
I rotational inertia (kg m2)
I electrical current (A)
K non-dimensional expression for a (–)
k spring constant (N/m)
L inductance (kg/m4)
l length (m)
m mass (kg)
P pressure (Pa)
Phm power output (W)
_Q heat flow-rate (W)
R resistance (kg/m4 s)
r radius (m)
_S rate of entropy generation (W/K)
Thm torque hydraulic motor (N m)
T temperature (K)
t time (s)
U flow rate (m3/s)
V volume (m3)
y spatial coordinate (–)

Greek letters
a temperature amplitude (K)
b parameter that depends on the spatial gradient of the

heat-exchanger wall temperature at equilibrium (1/m)
c heat-capacity ratio (–)
d gap between piston and slide bearing (m)
� gap between shaft and motor (m)
g efficiency (–)
K non-dimensional expression for b (–)
l dynamic viscosity (m2/s)
q density (kg/m3)
x angular velocity (rad/s)

Subscripts
‘0’ equilibrium
‘a’ accumulator
‘ar’ argon
‘b, l’ slide bearing liquid
‘b, p’ slide bearing piston
‘c’ connection tube
‘cold’ cold heat exchanger
‘cv’ check valve
‘d’ displacer cylinder
‘ex’ exergy
‘fg’ phase change
‘fric’ friction
‘g’ generator
‘gen’ gas volume
‘gs’ gas spring
‘hm’ hydraulic motor
‘hot’ hot heat exchanger
‘hx’ heat exchanger
‘l’ liquid volume
‘l, d’ liquid height in the displacer cylinder
‘load’ load
‘lub’ lubricant
‘max’ maximum
‘min’ minimum
‘ms’ mechanical spring
‘nl’ non-linear
‘p’ piston
‘p⁄’ pressure
‘pv’ piston valve
‘q’ heat flux
‘sat’ saturation
‘sh’ shaft
‘t’ pipe in load
‘th’ thermal domain
‘v’ vapour volume
‘w’ wall
‘wf’ working fluid

Superscript
‘⁄’ scaling parameter
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1. Introduction

Continuing increases in global energy demand and usage in
conjunction with a heavy reliance on the combustion of fossil fuels
have led to the increased consumption of finite fossil-fuel
resources and of related gaseous emissions into the atmosphere
[2]. The need to halt and possibly reverse this trend has been moti-
vating research into the exploitation of alternative sources of
energy, such as solar or geothermal heat. The temperature level
of these energy sources is typically lower than in conventional
power plants (from <100 �C up to �350 �C for geothermal [3],
and up to�550 �C for parabolic-trough or tower concentrated solar
[4]). A further source of low- to medium-grade energy is waste
heat, for example from the transport, residential, commercial and
public sectors, or from industrial processes [5]. If one could convert
this waste heat into useful work, such as electricity, shaft/mechan-
ical or hydraulic work depending on the need, the overall efficien-
cies of a vast array of processes and systems could be significantly
improved [6].
Due to their lower temperatures, these heat sources cannot be
efficiently utilised in conventional cycles, since the resulting ther-
mal efficiency is inherently low. One particular class of engine that
is suitable for the affordable utilisation of low-grade heat is the
thermofluidic oscillator. The simple construction (few moving
parts or dynamic seals) of thermofluidic oscillators allow these
devices to have low capital and maintenance costs, in addition to
long lifetimes. Single-phase thermofluidic oscillators include Sond-
hauss tubes [7,8], standing-wave thermoacoustic engines [9–12],
and liquid-piston Stirling engines [13]. The ‘Non-Inertive-
Feedback Thermofluidic Engine’ (NIFTE) is an example of a two-
phase thermofluidic oscillator [14–16], which can operate over
temperature differences as low as 30 �C.

In the NIFTE, a steady external temperature difference gener-
ates and sustains regular thermodynamic oscillations of tempera-
ture and pressure that drive fluid flows in the engine from which
power can be extracted. Models of NIFTE have been developed
and validated against experimental data. It was found that the
model predictions were in close agreement with the experimental



Fig. 1. Schematic of the Up-THERM heat engine with hot and cold heat exchangers,
piston, piston valve, upper and lower mechanical springs and hydraulic motor with
piston at TDC and BDC (inset).
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measurements of oscillation frequency f 0, temperature gain k and
exergy efficiency gex [17,18]. The NIFTE modelling approach is an
excellent starting point for the study of similar two-phase
unsteady/oscillatory heat engine concepts.

In the present paper we investigate theoretically a new
two-phase thermofluidic oscillator concept termed Up-THERM,
proposed and owned by the company Encontech B.V. (www.encon-
tech.nl) [19]. The Up-THERM heat engine is capable of utilising
low- to medium-grade heat and of converting this into mechanical
work. This technology is being envisioned as an affordable prime-
mover in combined heat and power (CHP), or cogeneration, appli-
cations. Here, we develop a dynamic modelling framework for the
prediction of the operation and performance of this device that is
based on the modelling approach taken for the NIFTE; noteworthy
non-linear effects are taken explicitly into account. The focus of our
work is an examination of the role of the physical dimensions/
geometry of the engine on its performance.

In an attempt to validate our modelling approach, we also pro-
ceed to measure experimentally for the first time the temperature
profile that the working fluid is exposed to as it flows over the heat
exchanger surfaces of this two-phase thermofluidic oscillator. An
experimental apparatus is developed which is capable of measur-
ing the temperature profile in the heat exchangers under oscilla-
tory operating conditions, whilst the time-varying pressure in the
displacement cylinder and the displacement of the piston are
recorded.

In the remainder of this paper we firstly introduce the Up-
THERM two-phase thermofluidic oscillator heat-engine concept
and its operation as proposed by Glushenkov et al. [19], as well
as the specific design of a prototype by Encontech B.V. We then
develop the Up-THERM engine dynamic modelling framework.
Emphasis is given to the derivation of the models of key non-
linear components. The oscillation frequency of the Up-THERM
model is validated against experimental data from a similar engine,
and the model is adjusted by considering the differences between
these two devices. This is followed by a presentation of the exper-
imental apparatus that was designed to study the temperature
profile on the Up-THERM’s heat-exchanger surfaces. Using the val-
idated Up-THERM model we define a nominal (early-stage) design
with the physical dimensions proposed by Glushenkov et al. [19].
Proceeding further, we examine the effects on the engine’s perfor-
mance of variations to important physical dimensions and the
external heat-source temperature. From the results we attempt
to identify the key engine parameters that influence the frequency,
power output, and exergy efficiency of the device. This provides an
invaluable insight into the characteristics of the engine, which can
be harnessed for the development of improved Up-THERM proto-
type designs.
2. Methods

2.1. Engine configuration and operation

A schematic of the Up-THERM heat engine is shown in Fig. 1.
The engine incorporates hot and cold heat exchangers, which are
located at the top of the displacer cylinder. Also inside the dis-
placer cylinder are a solid piston and two mechanical springs, an
‘upper’ one attached to the lower end of the slide bearing and a
‘lower’ one attached to the bottom of the displacer cylinder. The
piston, together with the inside wall of the displacer cylinder, form
the ‘piston-valve’ arrangement. The displacer cylinder, via the con-
nection tube, is connected to two pipes, each of which contains a
check valve and a hydraulic accumulator. The two pipes connect
to either side of a hydraulic motor. This arrangement converts
the oscillating fluid flow in the connection tube to a unidirectional
flow through the hydraulic motor, with damped amplitudes of
pressure and volumetric displacement. The space above the piston
is filled with working fluid in both vapour (at the very top of the
displacer cylinder) and liquid phases. The rest of the engine is filled
with liquid working fluid.

It is assumed that at the beginning of the cycle the piston is at
the top dead centre (TDC), as depicted in Fig. 1. The piston valve is
open and the upper mechanical spring is fully compressed, whilst
the lower one is fully relaxed. The vapour-liquid interface is in con-
tact with the hot heat-exchanger (HHX) surface at the upper sec-
tion of the displacer cylinder and liquid working fluid evaporates,
increasing the pressure in the gas-spring space above the piston.
This pressure force, together with the extension force from the
upper mechanical spring, cause the piston and vapour–liquid inter-
face to move downwards, and the piston valve to close at some
point during this motion. From this point in time, fluid is prevented
from flowing through the piston valve, and a pressure difference
builds up between the compartments above and below the valve.
Eventually, as the piston moves even further down, the piston
valve re-opens, and the pressures in the upper and lower compart-
ments equalise rapidly as liquid working fluid flows from the
upper into the lower compartment. The inertia of the piston and
liquid allow the vapour–liquid interface and the piston to over-
shoot their respective equilibrium positions at the mid-point
between the hot and cold heat exchangers. The vapour–liquid
interface is now in contact with the surface of the cold heat
exchanger (CHX), causing vapour to condense. The upper mechan-



Fig. 2. Non-linear temperature profile over the heat-exchanger surfaces in contact
with the working fluid, exhibiting a temperature saturation at DThx=2 on either side
of the equilibrium (mean) temperature.
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ical spring is now fully relaxed and detaches from the piston whilst
the lower one is compressed. The condensing of the vapour and
compression of the lower mechanical spring apply restoring forces
onto the piston and liquid, such that at the bottom dead centre
(BDC) the movements of the piston and vapour–liquid interface
reverse. The piston valve closes again which leads to a pressure dif-
ference between the upper and lower compartments, causing the
piston to move upwards, whilst working fluid is prevented from
flowing from the lower to the upper chamber. After the piston
valve has opened again, the pressures are equalised rapidly. As
before, the piston and vapour–liquid interface overshoot their
equilibrium position and the vapour–liquid interface contacts the
HHX surface. The upper mechanical spring is compressed until
the piston and vapour–liquid interface reach the TDC and one full
cycle is complete.

During the cycle, liquid flows in a zero-mean oscillatory manner
from the displacer cylinder through the connection tube to the cir-
cuit that is connected to the hydraulic motor (see Fig. 1). The check
valves in the load-arrangement section of the circuit provide a uni-
directional liquid flow through the hydraulic motor where power
can be extracted from the cycle. The role of the two hydraulic accu-
mulators is to dampen the pressure and flow oscillations, thereby
improving the performance of the hydraulic motor.

2.2. Model development

The development of the Up-THERM model follows earlier
approaches by Ceperley [11], Huang and Chuang [20], Backhaus
and Swift [12], and Smith and Markides (who considered the
NIFTE) [14–16,21]. Similar to Solanki et al. [22], the effects of liquid
inertia are included in the present model. In the model, the engine
is separated into thermal and fluid domains. Each domain com-
prises spatially lumped first-order linearised sub-models where
the dominant thermal or fluid-dynamic process in each component
is described by an ordinary differential equation. In this work, the
piston valve and gas/vapour spring in the displacer cylinder, the
two check valves in the load arrangement, and the temperature
profile along the vertical height of the heat exchanger walls are
modelled non-linearly, whilst all other components are described
linearly. These components have been identified as ones in which
non-linear behaviour is either intrinsic and therefore unavoidable
(e.g. the piston valve and check valves) or necessary in order to
capture the correct global behaviour of the Up-THERM device (as
observed by a prototype device and related experimental data).
This was achieved by testing a number of different Up-THERM
models with different non-linearities (plus linearised alternatives)
before deciding which ones were necessary to include in the final
model presented in the paper. The purpose of Section 3 is to
demonstrate how and to what extent the non-linear models of
the gas/vapour spring and temperature profile were validated.
Analogies are drawn such that the differential equations governing
the dynamic processes in each component are represented by pas-
sive electrical components (resistors, inductors and capacitors).
The individual electrical components are interconnected in the
same way as in the physical device (Fig. 1) to form the electrical
circuit network shown in Fig. 3.

2.2.1. Thermal domain
The thermal domain comprises the hot and cold heat exchang-

ers and describes the time-varying two-phase heat-transfer pro-
cess between these components and the working fluid. In the
thermal domain heat is converted into fluid flow and pressure,
which act as the driving forces for the engine.

A non-linear temperature profile (NTP) along the heat-
exchanger walls is used in this work, similar to the NTP model of
Markides et al. [18], which allows the temperature to saturate at
long lengths from the equilibrium position (half-way between
the two heat exchangers). In Fig. 2 the temperature profile along
the heat exchanger walls is shown, according to which the profile
is described by:

ThxðyÞ ¼ a tanhðbyÞ; ð1Þ
where a is the amplitude of the temperature along the heat exchan-
ger walls, or half of the temperature difference between the heat
source and sink that set the temperatures along hot and cold heat
exchangers (a ¼ Thot � Tcoldð Þ=2). The slope at the origin is equal
to the product ab. The value for b is modelled as scaling with the
inverse of the length lhx of one of the heat exchangers (b � 1=lhx),
as it is assumed that the temperature profile saturates at the max-
imum length of the heat exchanger. This temperature profile is later
verified in Section 3.4.

In this model, it is assumed that the temperature profile is
externally imposed and that it is time invariant. The convective
heat transfer due to phase-change at the vapour–liquid interface
is assumed to be much greater than the convective heat transfer
which takes place at areas away from that interface. From Fig. 2
one can see that Thx varies with the position y of the vapour–liquid
interface relative to the equilibrium position. This distance in turn
varies with time, so that Thx ¼ Thx y tð Þð Þ. The heat transfer from the
heat exchangers to the working fluid per unit time is modelled as
being governed by the equation:

_Q ¼ T0
_S ¼ hAhx Thx y tð Þð Þ � Twf½ �: ð2Þ

In Eq. (2) as in Ref. [18], T0 is the equilibrium temperature, _S the
rate of change of entropy flow into/out of the working fluid due to
heat transfer, h the (constant) heat-transfer coefficient, Ahx the
(constant) area over which heat transfer occurs and Twf the tem-
perature of the working fluid at the vapour–liquid interface. The
thermal domain must be coupled with the liquid domain by utilis-
ing two coupling equations. The entropy flow rate is converted to a
volumetric flow rate with:

_S ¼ qgsfgUth; ð3Þ
where qg is the density of the vapour and sfg is the specific entropy
of vaporisation. The temperatures are converted to pressures with:



Table 1
Electrical analogy definitions and values for linear components modelled by
resistances, see also Refs. [17,23,25]. The unit of all resistances is kg m�4 s�1.

Thermal-fluid effect Component
expression

Nominal
Value

Connection tube resistance Rc ¼ 8ll lc
pr4c

4:69� 103

Hydraulic motor resistance Rhm ¼ 2llubr
3
sh lsh

p�r4t r
2
m

4:31� 105

Displacer cylinder resistance Rd ¼ 8ll ld
pr4d

4:25� 103

Leakage flow resistance 1 Rl;1 ¼ 128c2 lpll
pc1c3

5:52� 107

Leakage flow resistance 2 Rl;2 ¼ 128c2 lpll

pc1 c1�2c2d
2
pð Þ 1:16� 106

Fluid flow in load pipes ði ¼ 1;2Þ Rt;i ¼ 8ll lt;i
pr

t;i4
7:44� 104

Piston resistance Rp ¼ 64lpll

pd2pc1
9:20� 104

Fluid flow resistance in slide
bearing Rb;l ¼

Pn
i¼1

pr4ch;i
8ll lb

� ��1 7:79� 107

Piston resistance in slide bearing Rb;p ¼ 2ll lb
pr3b;pd

1:13� 106

Thermal resistance Rth ¼ qgsfgT0

hAs dT=dPð Þsat
1:78� 109

Table 2
Electrical analogy definitions and values for linear components modelled by
inductances, see also Refs. [17,23,25]. The unit of all inductances is kg m�4.

Thermal-fluid effect Component
expression

Nominal
value

Connection tube inductance Lc ¼ ql lc
pr2c

5:07� 105

Hydraulic motor inductance Lhm ¼ 8ðMmD2
mþMgD

2
g Þ

p2D4
t D

2
m

3:09� 105

Displacer cylinder inductance Ld ¼ ql ld
pr2

d

1:88� 105

Leakage flow inductance Ll ¼ 64c22mp

p2c1 c1�2c2d
2
pð Þ 6:45� 107

Fluid flow in load pipes ði ¼ 1;2Þ Lt;i ¼ ql lt;i
pr2

t;i

2:02� 106

Piston inductance Lp ¼ 32mpc2
p2d2pc1

5:96� 106

Fluid flow inductance in slide
bearing Lb;l ¼

Pn
i¼1

ql lb
pr2ch

� ��1 1:35� 107

Piston inductance in slide bearing Lb;p ¼ qp lb
pr2b;p

4:42� 106
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Thx y tð Þð Þ ¼ dT
dP

� �
sat
Pth; Twf ¼ dT

dP

� �
sat
Pv; ð4Þ

where dT=dPð Þsat is the rate of change of working fluid temperature
with pressure in the saturation region, Pth the thermal pressure and
Pv the pressure in the displacer cylinder gas spring. Eqs. (2)–(4) can
be combined and rearranged to define a thermal resistance Rth and
Uth as:

Uth ¼ Pth � Pv

Rth
; Rth ¼ qgsfgT0

hAhx dT=dPð Þsat
: ð5Þ

Eq. (5) is equivalent to Ohm’s law for a resistor: I ¼ DE=R
[17,18,21,23]. Thus, applying electrical analogies, we can consider
entropy change or (volumetric flow rate) to behave like current,
and temperature (or pressure) to behave like potential difference.

The heat transfer coefficient h can be estimated by using a cor-
relation from the VDI Heat Atlas [24]:

h ¼ h0Fp�FwFq; ð6Þ
where h0 is a reference heat transfer coefficient for a specific fluid
and F are dimensionless functions independent of the fluid. The
dependency of h on the pressure in the vicinity of the heat-
transfer process is taken into account through Fp� , whilst the mate-
rial properties of the heat-exchanger wall are accounted for by Fw.
Finally, the effect of the heat input Q in (and therefore flux) is consid-
ered by Fq. Since h is an input required by the model and Q in is an
output of the simulation, h has to be determined iteratively; using
Q in from a previous step, h is calculated and the iterations are
repeated to convergence.

2.2.2. Fluid domain
The fluid domain comprises the following linear components:

displacer cylinder, slide bearing, piston, connection tube, hydraulic
accumulators, and hydraulic motor, some of which have already
been described by Taleb et al. [25]. Furthermore, it comprises three
non-linear components: piston valve and two check valves. The gas
spring is modelled both linearly and non-linearly and the two
models are compared in Section 3.1.

2.2.2.1. Linear components. In the fluid domain, the viscous drag
experienced by the flow (for the liquid phase only) in the connec-
tion tube, slide bearing, and displacer cylinder is represented by
resistors [22]. The flow is assumed to be quasi-steady, fully devel-
oped and laminar, as the Reynolds and Wormersley numbers are
sufficiently low. From the simplified Navier–Stokes equation writ-
ten for the liquid flow in component ‘i’ one obtains:

Ri ¼ 8llli
pr4i

; ð7Þ

where li and ri are the length and radius of the respective compo-
nent (‘i’) and ll the dynamic viscosity of the working fluid in the liq-
uid phase. The definitions of the resistances of the components ‘i’
can be found in Table 1.

To model the resistance of the piston in the slide bearing it is
assumed that it is surrounded by a thin lubricating working-fluid
film [25]. The resistance of the piston in the slide bearing is:

Rb;p ¼ 2lllb;p
pr3pd

; ð8Þ

where rp is the radius of the piston and d the thickness of the lubri-
cating film.

The effect of fluid inertia (as with the resistances, for the liquid
phase only) in the connection tube, slide bearing, and displacer
cylinder are modelled by inductances [25]. From the simplified
Navier–Stokes equation written for the liquid flow in component
‘i’ one obtains:

Li ¼ qlli
pr2i

; ð9Þ

where ql is the working-fluid density. The definitions of the respec-
tive components ‘i’ are listed in Table 2. It can be seen that Eq. (9) is
equivalent to Faraday’s law for an inductor: DE ¼ L� dI=dt [17].

The hydrostatic pressure in the displacer cylinder, and the com-
pression/expansion processes of the vapour volume at the top of
the displacer cylinder and of the volume of gas in the hydraulic
accumulators are all modelled by capacitances, which can be
described by Gauss’ law: dDE=dt ¼ 1=C � I [17]. From a force bal-
ance on the liquid column and if the vapour compression and
expansion processes are assumed to be isentropic, one obtains:

Cd ¼ pr2d
qlg

; Ci ¼ V0;i

cP0
: ð10Þ

In Eq. (10), V0;i and P0 the equilibrium volume in component ‘i’ and
equilibrium pressure, respectively.

The respective definitions of all capacitances are given in
Table 3. A more extensive explanation of the modelling approach
for the resistors, inductors and capacitors can be found in Markides
and Smith [21], Solanki et al. [17], and Taleb et al. [25].

The piston with the two mechanical springs and surrounding
fluid flow is modelled by combining a force balance on the piston



Table 3
Electrical analogy definitions and values for linear components modelled by
capacitances, see also Refs. [17,23,25]. The unit of all capacitances is m4 s4 kg�1.

Thermal-fluid effect Component
expression

Nominal
value

Displacer cylinder capacitance Cd ¼ pr2d
qlg

9:91� 10�8

Leakage flow capacitance
Cl ¼ p2c1 c1�c2d

2
pð Þ

64c22kms

1:78� 10�10

Piston capacitance Cp ¼ p2d2pc1
32kmsc2

6:02� 10�10

Linear gas spring displacer cylinder Cv ¼ hvpr2d
P0c

3:38� 10�9

Hydraulic accumulator
capacitance ði ¼ 1;2Þ

Ca;i ¼ Va;i
cPa;i

3:58� 10�10
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with the Navier–Stokes equation for the surrounding liquid-flow in
the axial direction. Hence, the following equations are used to
describe these two components [25]:

Rl;1 ¼ 128c2lpll

pc1c3
; Rl;2 ¼ 128c2lpll

pc1 c1 � 2c2d
2
p

� � ;

Cl ¼
p2c1 c1 � c2d

2
p

� �
64c22kms

;

Ll ¼ 64c22mp

p2c1 c1 � 2c2d
2
p

� � ; Rp ¼ 64lpll

pd2
pc1

; Cp ¼ p2d2
pc1

32kmsc2
;

Lp ¼ 32mpc2
p2d2

pc1
: ð11Þ

In Eq. (11), dp and mp are the diameter and mass of the piston
respectively, kms is the spring constant of the upper and lower

mechanical springs, and c1 ¼ d2
c � d2

p, c2 ¼ ln dc=dp
� �

, and

c3 ¼ c2 d2
c þ d2

p

� �
� c1 are three geometrical constants relating the

diameter of the piston and enclosing displacer cylinder.

2.2.2.2. Non-linear components. The piston valve, which is formed
between the piston and the displacer cylinder (see Fig. 1), can
either be open (when the piston is at or near the top dead centre
(TDC) or bottom dead centre (BDC)) or closed (at all other piston
positions). When the valve is closed fluid is prevented from flowing
from the space above the valve to the slide bearing or vice versa,
whilst the piston is still moving. The valve is modelled as a non-
linear resistance. The Heaviside step function (Hf�g) is utilised to
determine the value of the resistance. It has the form:

Rpv ¼ Rmin þ 1
2
Rmax �H Pl;d � qlghpv

� 	þH Pl;d þ qlghpv

� 	� �
: ð12Þ

In Eq. (12), Rmin is the flow resistance when the valve is open and
Rmax the resistance when the valve is closed. The value for Rmax is
set much higher than the values of the resistances in its parallel
branch (Rp and Rb;p) to prevent fluid from flowing through the valve
when activated by the Heaviside function. Pl;d is the hydrostatic
pressure difference across the liquid in the displacer cylinder and
correlates with the position of the piston, and hpv is a fixed length
(by design) that corresponds to the position at which the valve
opens/closes.

An additional non-linear resistance is included in the model,
which guarantees that the amplitudes of displacement of the pis-
ton and liquid column are smaller than the length of the displacer
cylinder and hence, the piston and liquid column cannot ‘leave’ the
displacer cylinder. It is defined by the physical dimensions of the
displacer cylinder and has the form:

Rnl ¼ Rmax;nl H Pl;d � qlgld
� 	þH �Pl;d � qlgld

� 	� �
; ð13Þ
where ld represents the height of the displacer cylinder, which acts
to limit the maximum amplitude of the vertical displacement of the
piston.

It is implicit in the non-linear model of the gas spring situated
above the piston in the displacer cylinder that the compression
and expansion processes of this gas spring are isentropic, and
hence governed by PVc ¼ const:, where P is the pressure in the
gas spring and V is the volume of the gas spring. The pressure
and the volume can be separated into a mean value (P0;V0), when
the piston is in the equilibrium position, and a perturbation value
(Pv;Vd), so that the total pressure P ¼ P0 þ Pv and total volume
V ¼ V0 þ Vd are the sums of mean and perturbation values. The
derivative of the volume dVd=dt is the negative flow rate of work-
ing fluid in the gas spring dVd=dt ¼ �Uv. The derivatives of the
constant mean pressure and mean volume are by definition zero.
Hence, the change of pressure in the gas spring is:

dPv

dt
¼ c P0 þ Pvð ÞUv

V0 þ Vd
: ð14Þ
2.2.2.3. Load components. The flow of the working fluid through the
hydraulic motor provides the driving torque for the motor and the
coupled power-generating system. This is manifested in the pres-
sure drop across the motor. The forces that present counter-
acting torques include the inertial force of the motor assembly
and the frictional forces between the bearings, shafts, etc. The
resultant of these torques gives rise to an angular acceleration of
the hydraulic motor. The motor described here is a shaft mounted
hydraulic motor; a torque balance on the motor thus results in:

ðIhm þ IgÞdxhm

dt
¼ DPAt

dhm

2
� Ffric

d
2
� Thm: ð15Þ

Here, At ¼ pd2
t =4 is the cross-sectional area of the working-fluid

inlet pipe, d is the diameter of the shaft of length l; Thm is the torque
of the power generating system, and DP is the pressure drop across
the hydraulic motor. With the assumption that the rotating mass of

the motor is uniformly distributed about the shaft, Ihm ¼ mhmd
2
hm=8

is the overall rotational inertia of the motor and its couplings with
dhm being a representative diameter of the motor. Similarly, the

rotational inertia of the generator is Ig ¼ mgd
2
g=8.

The frictional force between the shaft and the motor is defined
by applying Newton’s law of viscosity to the rotary motion
between the motor and its shaft. With a small gap � between the
two members and llub the dynamic viscosity of the lubricating
oil, the frictional force can be simplified to:

Ffric ¼ llubpdl
1
�
xhmd
2

: ð16Þ

It is noted that static and Coulomb friction loads will also be present
during the operation of the hydraulic motor to a certain degree
[26,27]; these are however negligible in comparison to the frictional
force [28].

The back torque from the motor and generator assembly Thm is
taken as being proportional to its angular velocity [29]. Thus,
Thm ¼ khmxhm where khm is a parameter to be determined for any
particular engine set-up. This is done by designing the motor that
delivers the maximum power output from the engine. With the
assumption that there is no slip between the inlet working-fluid
and the rotating parts of the motor, the angular velocity xhm can
be written in terms of the working fluid volumetric flow rate Uhm

by equating the inlet speed of the working fluid with the tip speed
of the motor. Thus:

xhm ¼ Uhm

pðdt=2Þ2dhm=2
: ð17Þ
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Substituting the formulas for Ihm, Ig, xhm, At, Thm and F fric in the
torque balance in Eq. (15) and simplifying for the pressure drop
results in:

DP¼8ðmhmd
2
hmþmgd

2
gÞ

p2d4
t d

2
hm

dUhm

dt
þ16llubd

3l

p�d4
t d

2
hm

Uhmþ 64khm
p2d4

t d
2
hm

Uhm: ð18Þ

From Eq. (18) and by comparison with earlier presented electri-
cal analogies in Eqs. (7) and (9), one obtains the expressions for the
inductance and resistances associated with the hydraulic motor:

Lhm ¼ 8ðmhmd
2
hm þmgd

2
gÞ

p2d4
t d

2
hm

; Rhm ¼ 16llubd
3l

p�d4
t d

2
hm

; Rgen ¼ 64khm
p2d4

t d
2
hm

:

ð19Þ
2.2.3. Up-THERM engine circuit model
The individual components that represent the thermal and fluid

domains of the device, which are described in Sections 2.2.1 and
2.2.2, are combined to form an Up-THERM heat-engine network
model. This leads to the Up-THERM electrical-circuit representa-
tion depicted in Fig. 3. The electrical components in this diagram
are interconnected in the same way as they are arranged in the
schematic in Fig. 1.

A relationship between the wall temperature of the heat
exchanger at the location of the active heat transfer region ThxðyÞ
(Eq. (1)) and the height of the vapour–liquid interface yðtÞ can be
formulated. The wall temperature is converted to the thermal pres-
sure Pth (compare Eq. (4)) and the height yðtÞ is expressed through
the hydrostatic pressure difference Pl;d ¼ yqlg across the liquid col-
umn in the displacer cylinder:
Fig. 3. Circuit diagram of the Up-THERM heat engine; colours correspond to the engine co
is the volumetric flow rate through a component. The subscript ‘th’ denotes the thermal
‘l’, the piston ‘p’, the fluid flow in the slide bearing ‘b,l’, the piston in the slide bearing ‘b,p
cylinder, and the non-linear valve formed by the piston and cylinder ‘pv’. The load com
hydraulic motor ‘hm’. (For interpretation of the references to colour in this figure legen
Pth ¼ a tanh bPl;d
� �

; ð20Þ
which is a non-linear static relation for the temperature profile
along the heat-exchanger wall.

The model is represented in state-space form. To specify the
thermodynamic state of the system, the minimum number of inde-
pendent thermodynamic variables are required. Kirchhoff’s voltage
and current laws are employed to formulate one ordinary differen-
tial equation (ODE) for each state variable [30]. The state variables
are: the hydrostatic pressure in the displacer cylinder, Pl;d; the
time-varying pressure and volume in the displacer cylinder gas
spring, Pv and Vd; the pressures over the leakage and piston capac-
itors PC;l and PC;p; the pressures in the hydraulic accumulators PC;a;1

and PC;a;2; the leakage flow rate Ul;2; the piston flow rate Up; the
flow rate in the connection tube U; the flow rate in the pipe leading
from the hydraulic accumulator to the connection tube Ut;1; and
the flow rate flowing through the hydraulic motor Uhm. For numer-
ical reasons, the set of ODEs is non-dimensionalized with the fol-
lowing scaling parameters [18]: the pressure P� ¼ 1� 105 Pa, the
flow rate U� ¼ 1� 10�3 m3 s�1, the volume V� ¼ 0:1� 10�6 m3,
and the time s ¼ 1 s.

The parameters a and b which determine the non-linear tem-
perature profile in the thermal domain are non-dimensionalized
to the parameters K and K, respectively:

K ¼ a
P� dT=dPð Þsat

; K ¼ bP�

qlg
: ð21Þ

The nominal physical dimensions to calculate the parameters in
Tables 2–4 were obtained from drawings made by the company
Encontech B.V. [31], who proposed a prototype design of the Up-
THERM engine. Water is used as working fluid for the engine, as
mponents in Fig. 1. Ri denotes a resistance, Li an inductance and Ci a capacitance. Ui

domain. The single components of the fluid domain are the leakage flow denoted by
’, the connection tube ‘c’, the liquid column ‘d’ and the gas spring ‘v’ in the displacer
prises the two check valves ‘cv,i’, two pipes ‘t,i’, hydraulic accumulators ‘a,i’ and

d, the reader is referred to the web version of this article.)



Table 4
Operating conditions for experiments.

Parameter Value Unit

Amplitude 72 mm
Period 40 s
Sample rate 1000 samples/s
Tcold 20 �C
Thot 105 �C
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it is considered as a working fluid in the prototype engine. Addi-
tional working fluids are considered in detail in follow-up paper
Ref. [1]. The heat-source temperature is 450 �C since the prototype
was operated approximately at this temperature and the heat-sink
temperature 10 �C. The equilibrium temperature lays midway
between the heat source and sink temperatures,
T0 ¼ Thot þ Tcoldð Þ=2.

2.3. Calculation of performance indicators and parametric variations

2.3.1. Solution and parametric study
The Up-THERM model described in the previous sections is

solved in MATLAB, which has a number of built-in ODE solvers.
The resulting set of ODEs is moderately stiff, and so the solvers
ode23t and ode23s are utilised as they have the shortest computa-
tion time. Solver ode23t is an implementation of the trapezoidal
rule, which is an implicit second-order method, whereas solver
ode23s is a one-step solver based on a modified Rosenbrock for-
mula [32].

The model is first solved using the nominal physical dimensions
which were provided through drawings from Encontech B.V. [31]
at its nominal heat-source temperature of 450 �C. Following this
exercise, a parametric study is performed into the effects of varia-
tions in the physical dimensions of the Up-THERM engine and
changes of the heat-source temperature on the engine’s perfor-
mance, as characterised by three performance indicators: fre-
quency, power output, and exergy efficiency. By changing the
physical dimensions, the electrical parameters R; L, and C, which
are used in the engine model, vary. Using the heat-source temper-
ature and the heat-sink temperature (which is always held con-
stant at 10 �C) the temperature difference between the heat
source and sink can be calculated. This leads to a specific equilib-
rium temperature, half way between the heat-source and heat-sink
temperatures. The fluid properties at this equilibrium temperature
are obtained from the NIST database [33]. These properties have also
an effect on the R; L, and C parameters used in the model. When the
heat-source temperature is changed, a varies, which has an influence
on the temperature profile in the heat exchangers. The other param-
eter b that determines this profile is held constant.

Physical dimensions are varied from a factor of 0.1� to 10�
their nominal values whilst all other parameters are held constant.
The temperature of the heat source is varied between 400 �C and
500 �C, thereby bracketing the nominal temperature of 450 �C,
with the physical dimensions set to their nominal values.

2.3.2. Calculation of performance indicators
After the model has been solved, the amplitudes of all pressures

and volumetric flow rates are known. The hydrostatic pressure of
the liquid column in the displacer cylinder is used to determine
the frequency. Any other pressure or flow rate that oscillates, i.e.
that is not in the load arrangement, can be used to determine the
frequency. Three consecutive points, at which the pressure ampli-
tudes of Pl;d are zero are selected. Between the first and the third
point exactly one full cycle occurs. By determining the time
between the first and the third point, the frequency can be
calculated.
With the flow rate through the hydraulic motor the power out-
put Phm can be calculated as follows:

Phm ¼
Z

RgenUhmdV load; ð22Þ

where V load ¼ R
Uhmdt. For each simulation the value of the useful-

power generating resistance Rgen is chosen that gives the maximum
power output.

Two efficiencies of the Up-THERM engine can be calculated, the
thermal and the exergy efficiency (gth and gex). Due to the low tem-
perature of the heat source, the thermal efficiency is inherently
low, so we focus here primarily on the latter. The exergy efficiency
is calculated as follows [21]:

gex ¼
PhmR
PthdV th

: ð23Þ

In Eq. (23), Phm is the hydraulic power generated at the motor, as
given in Eq. (22), Pth is the thermal pressure, and V th the thermal
volume with V th ¼ R

U þ Uvð Þdt. Furthermore, the thermal effi-
ciency is:

gth ¼ Phm

_Q in

; ð24Þ

where _Q in is the rate of heat input over a half cycle defined by _Q > 0
in Eq. (2).
3. Validation of model components

In this section we validate the gas spring model in the displacer
cylinder and the temperature profile along the heat-exchanger
walls. For the gas spring model we derive a slightly different circuit
diagram, which has different values for the electrical components
than the ones used in the previous section. When we move on to
the Up-THERM model results in the next section we will be using
the RLC values from Section 2 again.

3.1. Gas spring model validation methodology

The operation characteristics, in particular the frequency of
oscillation, are validated using a similar thermofluidic oscillator,
the ‘Evaporative Reciprocating-Piston Expander’ (ERPE) [25]. For
the ERPE, the frequency was determined experimentally for three
back pressures (saturation pressure at equilibrium): 9.4, 11.8 and
22 bar. The ERPE consists of the same displacer cylinder as the
Up-THERM engine, but instead of a hydraulic motor for power gen-
eration and the two accumulators, the ERPE has a further cylinder
with a gas spring. The connection tube is split into two branches,
both including a check valve to allow flow in only one direction.
The check valve in one of the branches comprises an adjustable
resistance. A detailed explanation of the model and the experimen-
tal methodology can be found in Taleb et al. [25]. The electrical cir-
cuit diagram of the ERPE is shown in Fig. 4.

The Up-THERM engine model is amended to reflect the differ-
ences in the ERPE. In total three models of the ERPE are compared:
(1) one with a linear description of the gas springs, (2) one with a
non-linear description of the gas spring in the displacer cylinder
and a linear model for the second gas spring, and (3) one with a
non-linear description of both gas springs. The linear description
of the pressure drop of the second gas spring is:

dPgs

dt
¼ ðcarP0Þ=ðV0;gsÞU: ð25Þ

In Eq. (25), car is the heat capacity ratio of Argon, the medium in the
gas spring; P0 the equilibrium pressure (back pressure); and V0;gs is



Fig. 4. Circuit diagram of the ERPE. The subscripts are equivalent to those in Fig. 3.

Fig. 5. Schematic of the experimental apparatus with twelve thermocouples (TC1–
TC12) and one pressure transducer. At the top half of the cylinder is the hot heat
exchanger (HHX) and at the bottom half the cold heat exchanger (CHX).
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the constant volume of the gas spring in equilibrium. The non-linear
description of the pressure drop in this gas spring is:

dPgs

dt
¼ car P0 þ Pgs

� �
U

V0;gs þ Vgs
; ð26Þ

with Vgs the variable volume in the second gas spring.

3.2. Heat-exchanger temperature profile validation methodology

To obtain a better understanding of the heat transfer process
between the heat exchangers of the engine and the phase-
changing working fluid, an experimental apparatus was designed
to investigate the temperature profile in the heat-exchanger walls.
This is the first time that this has been carried out in a thermoflu-
idic oscillator. A schematic of the experimental apparatus is shown
in Fig. 5. The set-up comprises an aluminium cylinder with an in-
built piston. The piston head is sealed against the cylinder wall and
therefore preventing fluid from flowing around the piston head
and entering the space below. The piston rod is connected to a
pneumatic actuator which imposes a sinusoidal motion on the pis-
ton. The period and amplitude of the sine wave can be adjusted to
allow for flexible measurement conditions. An electric heater is
attached to the top half of the outer wall of the cylinder function-
ing as the hot heat-exchanger. The temperature of the electric hea-
ter can be varied using a PID-controller. Below the heater a plastic
tube is coiled around the cylinder. The tube is connected to the
water mains, thus functioning as the cold heat exchanger. The
space above the piston is initially filled with liquid pentane. During
the experiments the pentane evaporates and condenses as it gets in
contact with the hot and cold heat exchanger, respectively.

By comparing the experimental set-up in Fig. 5 with the sche-
matic of the engine, Fig. 1, one can observe that the following
engine components are represented in the experiments: hot and
cold heat exchangers, gas spring in displacer cylinder, and piston.
Since only some components of the engine appear in these exper-
iments, the set-up cannot be considered a complete engine
prototype.

A pressure transducer is installed to measure the pressure in the
vapour space. Additionally, twelve thermocouples (TC1–TC12) are
arranged axially along the cylinder wall to measure the wall tem-
perature. The thermocouples are inserted into the wall with a dis-
tance of 1.5 mm from the inner surface. This distance is required to
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account for structural feasibility of the cylinder. A micropulse
transducer records the position of the piston. The temperatures
of the electric heater and the water temperature in the cooling
tube are known. With these two temperatures a ¼ DThx=2 can be
determined, which is half of the temperature difference between
the hot and cold heat exchanger. The second important parameter
that defines the temperature profile is b. The product ab determi-
nes the slope of the temperature profile near the origin, y ¼ 0 (see
Fig. 2). Parameter b is determined by fitting the measured temper-
ature at each thermocouple to a tanhf�g function. The positions of
the thermocouples are known and the fitting function has the
form:
Ti ¼ a tanh byið Þ; ð27Þ
where Ti is the temperature of thermocouple i and yi its position. To
determine the goodness of fit, the coefficient of determination is
used [34]. After non-dimensionalizing a and b obtained from this
fitting exercise, these parameters can be compared to the values
which are used in the model.

The operating conditions of the experiments which are
employed to generate the results of the present paper are sum-
marised in Table 4.
3.3. Gas spring model validation results

The frequency of the ERPE was determined experimentally for
three back pressures: 9.4 bar, 11.8 bar and 22 bar [25]. The pre-
dicted frequencies by three alternative Up-THERM/gas-spring
models are compared with the experimentally obtained values in
Table 5. The frequency observed in the experiments is �0.2 Hz
for the higher back pressures and 0.02 Hz for the lower one. Given
the difficultly of performing some of these experimental tests and
the one order of magnitude difference between the results at
9.4 bar and 11.8 bar, it is possible that the lowest back pressure
result is unreliable. The Up-THERM model with two non-linear
gas springs predicts a frequency of 0.43–0.45 Hz for all back pres-
sures, which is close albeit slightly higher than the experimental
values except for the lowest back pressure. The predicted fre-
quency stays almost constant over the investigated back pressure
range, also as observed by the intermediate and higher pressure
experimental data. The Up-THERM model with only one gas spring
described non-linearly predicts a frequency in the range 1.0–1.9 Hz
over the range of investigated back pressures. These values are
between 10 and 50 times higher than the experimentally observed
values. The linear gas spring model predicts a frequency between
3.7 Hz and 6.1 Hz, which is between 30 and 180 times higher than
the values observed in the experiments. In the model with no or
one gas spring described non-linearly, the frequency rises with
increasing back pressure. The model with a non-linear description
of both gas springs predicts the frequency in close agreement with
the experiments.
Table 5
Comparison of frequencies (Hz) for different pressures.

Gas spring model Pressure (bar)

9.4 11.8 22.0

Linear gas spring 3.70 4.18 6.09
1 Non-linear gas spring 1.00 1.27 1.91
2 Non-linear gas springs 0.45 0.43 0.45
Experiments 0.02 0.20 0.20
3.4. Temperature profile validation results

In Fig. 6 we present the temperature (sampling rate 1000 Hz,
averaged over 1 s) plotted against time for each thermocouple. It
can be observed that the temperatures of thermocouples TC1–
TC10 oscillate around an average temperature whilst the tempera-
tures of thermocouple TC11 and TC12 are approximately constant.
The highest oscillations can be observed for thermocouples TC2–
TC9, which are in the region in that the piston and the vapour–liq-
uid interface oscillate. These amount to ±2–3 K and are considered
small relative to the temperature gradients along the length of the
cylinder (�65 K). Due to thermal conduction in the cylinder wall,
temperature oscillations can also be observed with thermocouple
TC1 and TC10. Thermocouples TC11 and TC12 are too far away
from that region.

The equilibrium pressure is 4.15 bar, and the corresponding sat-
uration temperature is 85 �C. The temperature oscillates at all posi-
tions apart from TC11 and TC12. For the thermocouples in the hot
heat-exchanger region (TC1–TC6), the temperature decreases
when the vapour–liquid interface reaches the position of the ther-
mocouple. The evaporation of the working fluid leads to high heat
transfer from the hotter wall to the cooler liquid. As the interface
moves down, the temperature increases again because the vapour
is hotter than the wall. The cooler wall thus receives heat from the
hotter vapour and the external heater. What can also be observed
at the location of the higher-positioned thermocouples (TC2 and
TC3) is that the cooling phase occurs quicker than the heating
phase. This is because boiling heat transfer coefficient (cooling
phase) is orders of magnitude higher than single phase heat trans-
fer (heating phase). At thermocouple TC1 near the very top of the
heat exchanger, the temperature does not oscillate much. The
vapour–liquid interface does not reach this height, therefore evap-
oration does not occur. The small variations in temperature here
are due to heat conduction to and from lower parts of the wall.

The thermocouples between the two heat exchangers (TC7) and
in the cold heat-exchanger region (TC8–TC12) show the opposite
behaviour. The heating phase occurs much quicker than the cool-
ing phase for thermocouples TC7–TC9. Heating occurs when the
vapour–liquid interface reaches these positions, and the vapour
begins to condense. Due to the high heat transfer coefficient of
phase change, a large amount of heat is transferred from the hotter
vapour to the cooler wall. When the vapour–liquid interface moves
away, heat is transferred from the hotter wall to the cooler bulk
liquid and the external cooling water, and the temperature
decreases. Because the heat transfer coefficient for single-phase
Fig. 6. Temperature of each thermocouple observed during experiments. The
numbers on the right-hand side indicate the number of the thermocouple.



Table 6
Comparison of the non-dimensional parameters, which determine the temperature
profile.

Experiments Model

K K KK K K KK

4.53 108 490 44.1 101 4440
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heat transfer is low, the temperature decreases more slowly in the
cooling phase than it increases in the heating phase. The vapour–
liquid interface does not move down to thermocouples TC11 and
TC12. Phase change never occurs here, and hence the temperatures
are constant.

The time-averaged temperature profile along the cylinder wall
is shown in Fig. 7. The black dots correspond to the local tempera-
ture of each thermocouple. Using Eq. (27), the measured tempera-
tures, and the positions of the thermocouples, a hyperbolic tangent
fit was fitted to the data points, which is represented by the solid
line in Fig. 7. The coefficient of determination, which assesses the
goodness of the fit [34], is 0.997. Thus, it can be concluded that
the tanhf�g function provides a good representation of the temper-
ature profile along the wall, and therefore a tanhf�g function has
been used for the heat exchanger temperature profile in the pre-
sent Up-THERM heat engine model.

In Table 6, we compare the non-dimensional values of K and K
that are: (a) determined from the experimental data and (b) those
used in the Up-THERM model, respectively. Additionally, the pro-
duct of KK is given, which determines the slope of the temperature
profile at and near the origin (y ¼ 0). It can be seen that the value of
KK used in the model is about 10 times larger than that obtained in
the experiments, therefore leading to a steeper slope the tempera-
ture profile at the origin compared to the experiments. The value
used in the Up-THERM model reflects the different solid materials
used for the cylinder, with the thermal conductivity of stainless
steel (model of Up-THERM device) being about 10 times smaller
that of aluminium (experimental validation testing), which would
act to sustain the greater temperature gradients in the solid, in
agreement with the above observations.
Fig. 7. Temperature profile of the cylinder wall observed during experiments. The black d
the solid line the fitted tanh function from the measurement data. The coefficient of de
4. Results and discussion

4.1. Nominal operation

At first the Up-THERM engine model is solved for a nominal
configuration, with the values for the R; L, and C parameters taken
from Tables 2–4. The power output, efficiencies and frequency for
the nominal configuration of the engine can be found in Table 7. All
performance indicators vary when the physical dimensions
(lengths, diameters) or the working fluid properties change. The
working fluid properties are influenced by the heat-source temper-
ature and the choice of working fluid. In the next section we inves-
tigate the influence of the physical dimensions and the heat-source
temperature on the engine’s performance.

From Figs. 8 and 9 it can be observed that a limit cycle can be
achieved after about twelve seconds. For longer times the oscilla-
tions are sustained and have equal amplitudes.

In Fig. 8, the volumetric flow rate is plotted over time for three
components of the engine. Those are the flow rate through the con-
nection tube U, the hydraulic motor Uhm, and the tube between the
check valve and hydraulic accumulator before the hydraulic accu-
mulator Ut;1. The flow rate Uhm is always positive and has small
ots represent the temperature measurement at each thermocouple (TC1–TC12) and
termination for the fit is 0.997.



Table 7
Model results for the nominal operation of the Up-THERM heat engine.

Power output 25W
Exergy efficiency 0.77%
Thermal efficiency 0.2%
Frequency 2.8 Hz

Fig. 8. Volumetric flow rate against time in three components.

Fig. 9. Pressure against time in various components.

Fig. 10. Volume oscillations in the displacer cylinder gas spring over time.
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amplitudes compared to U and Ut;1. Uhm is always positive because
of the two check valves, and the oscillations are damped by the two
hydraulic accumulators.

The check valves prevent Ut;1 from having large negative ampli-
tudes. (Only a small amount of liquid flows back before the valve
closes.) When the valve is fully open, the flow rates Ut;1 and U
are identical. This means that all the liquid from the connection
tube flows through the check valve into the hydraulic motor.
Finally, the flow rate in the connection tube U oscillates around
zero with equal negative and positive amplitudes, as there are no
flow restrictions.

In Fig. 9, the temporal variations of pressures in three compo-
nents are shown. Pl;d is the hydrostatic pressure of the liquid in
the displacer cylinder below the piston, and thus represents the
variation of the height of the liquid column below the piston. It
can be seen that its amplitude is low compared to Pv, which is
the pressure in the displacer cylinder gas spring, and PC;a1, the pres-
sure in the hydraulic accumulator. The maximum amplitude of the
liquid column is restricted by the size of the engine, in particular
the length of the heat exchanger. Thus, a maximum pressure
amplitude of 0.015 bar can be achieved for the hydrostatic pres-
sure, which corresponds to a heat exchanger length of 0.17 m.

The mean pressure in the displacer cylinder gas spring Pv

becomes negative for times larger than 5 s. At the same time the
mean volume in the displacer cylinder gas spring Vd, Fig. 10,
becomes positive. This means that the initially chosen volume of
the displacer cylinder gas spring was too small and that for contin-
uous operation of the engine a larger volume is required. The pres-
sure and volume are related through PVc ¼ const:, so that an
increase in volume relates to a decrease in pressure.

The pressure in the hydraulic accumulator has the largest
amplitudes of the pressures shown. The pressure oscillations are
due to liquid flowing in and out of the hydraulic accumulator
(Ut;1), whilst the fluctuations of pressure in the displacer cylinder
gas spring are due to the working fluid evaporating and condensing
periodically (Uv). The size of the flow rate amplitudes Ut;1 are equal
to the amplitudes of U, see Fig. 8. The flow rate U is the sum of the
flow rates Uv and Uth, see Fig. 3, with Uv 	 Uth. Although the vol-
ume of the displacer cylinder gas spring is much smaller than
the volume of the hydraulic accumulator, and hence its capaci-
tance, the pressure amplitudes in the hydraulic accumulator are
bigger than in the displacer cylinder gas spring.

In Fig. 11a is the volume V th plotted over time. It is the volume
generated due to the exergy input with V th ¼ R

Uthdt. It corre-
sponds to the entropy input into the engine. The entropy is linked
to the volume trough Eq. (3).

In Fig. 11b is the thermal pressure plotted over time. The pres-
sure is generated due to the exergy input. It corresponds to a tem-
perature and the pressure is coupled with the temperature through
Eq. (4). Using the thermal volume V th and the thermal pressure Pth

one can calculate the exergy input into the engine with:
E ¼ R

PthdV th.
4.2. Parametric study

The results of the parametric study are shown in Figs. 12–14,
where the superscript ‘⁄’ is used to denote the physical dimensions
normalised by their respective nominal values. It should be noted
that a limit cycle could not be achieved for a value of the displacer
cylinder diameter dd above 1.6� of its nominal value, a connection
tube diameter dc of 0.1� its nominal value, and a gas-spring height



Fig. 11. Volume and pressure in the thermal domain plotted against time.

Fig. 12. Influence of physical dimensions and heat-source temperature on the
operational frequency. Tcold is constant at 10 �C.

Fig. 13. Influence of physical dimensions and heat-source temperature on power
output. Tcold is constant at 10 �C.
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larger than 2.5� of its nominal value. For the displacer cylinder
diameter and the gas-spring height this is due to the increasing
equilibrium volume of the gas spring, which makes it softer and
hence, the force exerted by the spring is too weak to sustain oscil-
lations. A connection tube that is too thin imposes too great a resis-
tance to the volumetric displacement and hence the oscillations
are damped.

In Fig. 12, the operational (oscillation) frequency of the Up-
THERM is plotted against varying physical dimensions and heat
source temperatures. It can be observed that the length of the
connection tube lc, the length of the displacer cylinder ld, and the
heat-source temperature Thot have almost no influence on the fre-
quency. A slight decrease in the frequency can be observed only for
long-length components, i.e. connection tubes and displacer cylin-
ders both longer than 4� their respective nominal lengths. From
Tables 1 and 2 it can be seen that the inductances Lc and Ld and
the resistances Rc and Rd of the connection tube and displacer
cylinder, respectively, are at least one order of magnitude smaller
than all other inductances and resistances in the circuit. Increasing
the lengths of the connection tube and displacer cylinder by the
above mentioned factors (or more), gives rise to values of the
corresponding inductances and resistances in the same order of
magnitude as the other inductances and resistances in the circuit,
at which point these components start to have an influence on the
engine’s performance.

The fluid properties (except in the thermal resistance) vary by a
maximum of 20% when the heat source temperature varies between
400 �C and 500 �C. Thus, as the fluid properties influence the resis-
tances and inductances linearly, those dimensions do not vary by
more than 20%.

By increasing the height of the gas spring hv the frequency
decreases. The maximum value of the frequency (3.3 Hz) can be
observed for gas-spring heights of 0.1� the nominal value. Increas-
ing the height of the gas spring results in greater values of Cv (com-
pare Table 3) and the gas spring becomes ‘softer’. Low values of hv

result in a ‘harder’ gas spring, which leads to an increased
frequency.

Furthermore, increasing the diameters of the connection tube dc

or of the displacer cylinder dd when these parameters have values
lower than their nominal values gives rise to an increasing fre-
quency. For values of d�

d and d�
c greater than their nominal values

the frequency remains constant. The connection tube and displacer



Fig. 14. Influence of physical dimensions and heat-source temperature on exergy
efficiency. Tcold is constant at 10 �C.
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cylinder diameters have an influence on the resistances, induc-
tances and capacitances of the respective liquid columns. Decreas-
ing the diameter increases the resistance and inductance and
decreases the capacitance, see Tables 2–4. As the inductances
and resistances are proportional to the inverse square of the diam-
eter, the inductances and resistances become disproportionately
large for small changes in the values of dd and dc, especially when
these are small. As the diameters become larger than the nominal
values, the values of the inductances and resistances become much
smaller than the other inductances and resistances in the cycle and
hence, their influence becomes negligible.

Collectively, the results show that hv, dd, and dc have the biggest
influence on the frequency of the Up-THERM device. These three
dimensions determine the size of the gas spring in the displacer
cylinder and hence its hardness, and the width of the liquid col-
umns in the displacer cylinder and connection tube. A softer gas
spring results in a decreasing frequency. A thinner liquid column
leads also to a lower frequency.

In Fig. 13 the power output is plotted against varying values for
the normalised physical dimensions and the heat-source tempera-
ture. The length of the displacer cylinder ld, the length of the con-
nection tube lc and its diameter dc have almost no influence on the
power output compared to the other dimensions. Comparing with
Table 1 it can be seen that the values of the connection tube and
displacer cylinder resistances are at least one order of magnitude
lower than the resistances of the other components. Since resis-
tances are the only component where power can be dissipated,
any power that is dissipated in these components is not used in
the hydraulic motor to produce useful work (power).

A smaller height of the gas spring hv results in a higher power
output, which is the product of the volumetric displacement of
the liquid and the frequency. By comparing with Fig. 12, one can
see that the frequency increases for a shorter height of the gas
spring, thereby also increasing the power output.

Increasing the diameter dd of the displacer cylinder results in an
increasing power output. A small diameter of the displacer cylinder
results in a high resistance in this component, leading to more
power being dissipated and hence less available power in the
hydraulic motor that can be converted into useful work. By
increasing the diameter of the displacer cylinder dd, the heat
exchanger area increases, which in turn leads to more heat input
into the cycle. In addition the volume of the displaced liquid
increases, which results in more liquid that can be evaporated/con-
densed, subsequently driving oscillations of flow and pressure
through the hydraulic motor. These two effects lead to an
increased power output.

An increasing temperature of the heat source, and thereby
increasing the temperature difference between the heat source
and heat sink, leads to an increased power output. More heat can
be added to the cycle, which in turn can be converted to useful
work. Furthermore, with increasing heat-source temperature the
heat transfer coefficient increases, which leads to a reduced ther-
mal resistance and increased power output.

In a recently tested prototype of the (nominal design) engine a
power output of 20 W was measured [35]. The engine operated
with water as working fluid and an electrical heater set to a tem-
perature of 600 �C. However, it was reported that the temperature
of the heat-exchanger wall, which is the temperature that is
regarded as the heat-source temperature in this paper, was
approximately 100–150 �C lower than the temperature of the elec-
trical heater, due to heat losses. From Fig. 13 it can be seen that the
present simulations predict a power of 25 W for the corresponding
nominal design and heat-source temperature, which is slightly
higher than the reported 20 W; this is however considered very
good agreement given the nature of the simple modelling approach
taken in the present work, the uncertainty in some important geo-
metrical dimensions (e.g. the gas-spring heights could not be mea-
sured in the prototype testing), as well as experimental errors.

In Fig. 14, the exergy efficiency is plotted against the varying
physical dimensions and heat-source temperatures. The length lc
and diameter dc of the connection tube and the length of the dis-
placer cylinder ld have a small influence on the efficiency. These
three parameters change the connection tube resistance Rc and
the displacer cylinder resistance Rd. Since these resistances are sev-
eral orders of magnitude smaller than the other resistances, vary-
ing them does not considerably change the engine’s performance.

Increasing the diameter of the displacer cylinder dd leads to a
sharp increase of the efficiency. A larger diameter of the displacer
cylinder leads to a higher volumetric flow rate that is supplied to
the hydraulic load and reduced frictional losses in the displacer
cylinder, as Rd is decreasing (compare Table 1). Increasing the
height of the gas spring hv leads to a decrease of the efficiency.
As with the diameter of the displacer cylinder dd, making the gas
spring smaller (or displacer cylinder wider), the power output
and efficiency increase. This means that the additional exergy sup-
plied to the cycle is transformed into useful power in the load.

The temperature of the heat source has a beneficial influence on
the efficiency when increased. When the temperature difference
between the heat source and heat sink increases, the oscillations
of pressure and volumetric displacement increase in magnitude.
This results in an increase in the flow rate through the hydraulic
motor Uhm, which in turn increases the power output from the
motor for which: Phm ¼ R

PloaddV load, with Pload ¼ RgenUhm and
V load ¼ R

Uhmdt.
In summary, the following parameters have significant influ-

ence on the performance indicators; the heat-source temperature
Thot, the displacer cylinder diameter dc, and the gas spring height
hv. An efficient, high-power, and high-frequency engine will have
a small gas-spring height and a medium to large displacer cylinder
diameter. A higher heat-source temperature leads to a high effi-
ciency and high power output.

Obtaining a better understanding of the exergy destruction in
the engine is essential for an optimised early-stage design. To this
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end, we quantify the exergy that is made available to the load
arrangement. This is also the exergy of the working fluid at the
end of the connection tube which is henceforth called device
exergy: Edevice ¼

R
PcdVc, where Pc is the pressure oscillations in

the connection tube and Vc its volume oscillations with
V c ¼

R
Udt. With the exergy input and the device exergy a device

exergy efficiency can be calculated: gex;device ¼
R
PcdVc=

R
PthdV th.

Fig. 15 shows two pairs of pressure–volume diagrams for two
different engine configurations: (a) the nominal configuration;
and (b) a high exergy-efficiency and high power-output device
configuration. Each pair consists of the pressure and volume that
occur in the thermal domain (black solid line, Pth–V th) and in the
connection tube (red dotted line, Pc–Vc), respectively. The area
inside the Pth–V th cycle of the thermal domain represents the
exergy input to the engine whilst the area inside the Pc–V c cycle
of the connection tube represents the exergy that is available at
the load arrangement (end of the connection tube). Due to losses
in the displacer cylinder and connection tube, this area is smaller
than the area of the exergy input.

The plots are equivalent to T–S diagrams, since a temperature
can be converted into a pressure P and the entropy can be con-
verted into a volume V. For a detailed description of the coupling
equations between pressure and temperature, and entropy and
volume, see Section 2.2.1.

Fig. 15a shows P–V cycles for the nominal operation of the Up-
THERM engine. The exergy input into the cycle is 1.3 kJ, and the
device exergy is 25 J. This corresponds to a device exergy efficiency
of 2%. This efficiency is about 3� higher than the overall exergy
efficiency of the engine, including the load arrangement, as
reported in Table 7. This implies that for the nominal design most
of the exergy input is dissipated in the displacer cylinder, or before
the flow has been rectified, however about 2/3 of the available
exergy of the device are destroyed in the load arrangement.

The P–V cycles shown in Fig. 15b are for a high exergy-efficiency
and high power-output case. In this case, the exergy input to the
cycle is 2.9 kJ and the exergy that is available at the end of the con-
nection tube is 740 J. This corresponds to a device exergy efficiency
of 25%. The area enclosed by the P–V cycle depends on the ampli-
tude of the pressure and volume. The enclosed area here is larger
than that for the nominal case, hence, a higher power output is
available from this engine configuration. The two peaks that are
indicated on the two plots are due to the solid piston hitting the
top and bottom of the displacer cylinder. This causes the piston
to decelerate suddenly, which rapidly increases the pressure due
to inertia.

Comparing Fig. 15a and b one can see that in the cycle configu-
ration shown in Fig. 15a most of the exergy is destroyed in the
Fig. 15. Pressure volume plots in the thermal domain and connection tube for one full cyc
enclosed by the red dotted line the exergy that is available at the connection tube. (For in
the web version of this article.)
device, which results in the lower device exergy efficiency. As
the device exergy is the maximum available exergy that can be
transformed into useful work, this configuration of displacer cylin-
der and connection tube is not favourable. In Fig. 15b the device
exergy efficiency is much higher, which makes this design of the
displacer cylinder and connection tube favourable.

4.3. Comparison to the NIFTE and further discussion

In this section a comparison is made between the Up-THERM
engine and the NIFTE device as presented in Markides et al. [18].
Both two-phase thermofluidic oscillators have in common an
externally imposed constant temperature difference between the
hot and cold heat exchangers. This temperature difference together
with the reciprocating flow of the working fluid within the device
give rise to alternating phase change (evaporation and condensa-
tion) of the working fluid leading to periodic oscillations of pres-
sure and volumetric displacement. The temperature profile over
the heat-exchanger walls can in both cases be modelled as a
tanh{�} function. However, there are also significant differences
in the designs of the two engines. Whilst the Up-THERM engine
comprises only a displacer cylinder with a moving solid piston,
the NIFTE has a displacer and a power cylinder but lacks the solid
piston. Furthermore, whereas the Up-THERM is used in conjunc-
tion with a hydraulic motor to convert the fluid oscillations into
shaft work, the NIFTE has been primarily envisioned as a fluid
pumping device [36]. Nevertheless, as stated earlier, although the
specifics of the designs of the two thermofluidic oscillators differ
to some extent, these devices belong to the same class of systems
and their basic principles of operation are similar. It is therefore of
interest to compare the two systems more carefully.

The frequencies of operation of the NIFTE and Up-THERM heat
engines do not depend on the temperature difference imposed
on these devices by the heat source and sink. However, the load
flow rate in the NIFTE increases when the temperature difference
increases. This flow rate is the useful volumetric flow rate of fluid
that can be pumped by the NIFTE pumping device. In the Up-
THERM engine this can be compared to the power output, which
is dependent on the volumetric flow rate through the hydraulic
motor. The power output increases with increasing temperature
difference between heat source and heat sink. Thus, the power out-
put of both engines can be increased independently of the fre-
quency by increasing the temperature difference.

On the other hand, while it was reported that the exergy effi-
ciency of the NIFTE does not depend on the temperature difference
imposed on the device, it has been observed here that the temper-
ature difference does influence the exergy efficiency of the
le. The area enclosed by the black solid line represents the exergy input and the area
terpretation of the references to colour in this figure legend, the reader is referred to
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Up-THERM engine. Finally, a higher-frequency-content ‘beating’
behaviour was observed experimentally in the NIFTE, which was
captured by the non-linear model in Ref. [18]. Although more com-
plex and broadband, the Up-THERM model also shows higher-
frequency ‘jumps’ in the thermal pressure and pressure in the con-
nection tube, see Fig. 15a and b. Thus, in both cases it can be said
that the non-linear descriptions of these engines allow for more
realistic predictions of actual engine operation and performance.
5. Conclusions

A non-linear modelling framework has been proposed for a
novel two-phase thermofluidic oscillator (heat-engine) concept,
termed Up-THERM, which relies on the periodic phase change of
a working fluid and the resulting vertical reciprocating motion of
a single solid piston within the device. The advantage of the Up-
THERM engine concept arises from its small number of moving
parts, which results in low capital and maintenance costs. This is
particularly useful in low-power applications in remote areas or
developing countries, where low up-front costs are crucial.

Alternating phase change (evaporation and condensation) of the
working fluid within the Up-THERM device results in periodic
oscillations of pressure and flow rate, which can be transformed
into a unidirectional flow of working fluid through a hydraulic
motor circuit in order to extract power. Important components,
such as a gas spring in the device’s displacer cylinder, check valves
and a piston valve formed between the solid piston and walls of
the displacer cylinder, and the temperature profile along the heat
exchanger surfaces of the engine were modelled non-linearly. A
comparison between the linear and non-linear exchanger surfaces
of the gas spring was performed and the frequency predictions of
these models were validated against experimental data from a
similar engine. The model was amended to describe the engine
which was used in these experiments. The non-linear gas spring
model described the frequency more realistically compared to its
linear counterpart. In addition, an experimental apparatus was
constructed and measurements were performed to validate the
temperature profile along the heat-exchanger surfaces. A tanhf�g
profile was used in the model corresponding to the temperature
profile observed in these experiments.

A nominal Up-THERM engine configuration was investigated
with respect to three performance indicators: oscillation fre-
quency, power output and exergy efficiency. Following this, a para-
metric study was performed to investigate the influence of key
engine dimensions on the same indicators. It was observed that
the dimensions of the displacer cylinder (including the gas spring
at the top of the cylinder) and the heat-source temperature have
the biggest influence on the power output and efficiency of the
engine. For a higher power output, efficiency and frequency, the
height of the displacer cylinder gas spring should be shorter than
the nominal value, whilst the diameter of the displacer cylinder
should be near the nominal value or slightly larger.

A maximum exergy efficiency of 2.8% and a maximum power
output of 175W were observed at the proposed operating temper-
ature of 450 �C for a nominal Up-THERM design (based an the
physical dimensions of a device prototype and water as the
working fluid), but with shorter displacer cylinder gas-spring
height relative to the nominal design. Increasing the diameter of
the displacer cylinder increased the exergy efficiency gradually.
Exergy efficiency values of 1.2% and power outputs of 80 W were
demonstrated at highest investigated heat-source temperatures
of 490–500 �C with the nominal design. The present model predicts
a power output of 25 W at the nominal design and heat-source
temperature; corresponding prototype tests reported an output
of 20 W.
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