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SUMMARY

Most rolling bearings use grease as a lubricant. The service life of a bearing is determined
by the bearing fatigue life and grease life. Both are influenced by the quality of lubrica-
tion, which is strongly determined by the thickness of the lubricating film. The optimum
selection of a lubricating grease and/or the prediction of grease and/or bearing life can
only be done properly if the film thickness can be determined. However, until now, there
is no equation to predict film thickness in grease lubricated bearings. In practice, the
equations that were derived for oil lubrication are used.

In this thesis, the film thickness immediately after the churning phase is studied at var-
ious conditions on different bearings and greases. The film thickness is measured after
running the bearings for more than 100 hours after freshly filling them, to ensure that the
churning phase is finished. It is expected that the bearings then may operate in starved
lubrication conditions. An improved electrical capacitance method is developed to mea-
sure the film thickness by using an electrical model of the bearing, including the effect
of starvation. Excluding starvation would overestimate the film thickness.

It is observed that the film thickness in a grease lubricated bearing initially increases
with speed, similar to oil-lubricated contacts. With further increase in speed, the film
thickness becomes almost constant; no further increase due to starvation. It also does
not decrease with increasing speed due to a balancing replenishment mechanism. Un-
der starvation, the side flow of the lubricant depends on the contact residence time and
the over rolling frequency, which balance out at higher speeds.

The film thickness is measured in bearings filled with different grease quantities. It is
shown that the film thicknesses differ only during the churning phase of the lubricant.
After the churning phase, the self-induced temperatures and film thicknesses are the
same irrespective of initial grease amount in the bearing. This implies that the thick-
nesses of the oil layers left on the track after the clearing phase is independent of the
grease volume in the bearing. This suggests that the film thickness immediately after
churning is determined by the dynamics of the flow of lubricants in and around the con-
tacts and not by oil released by the grease after churning (bleed).

Contact replenishment is caused by the capillary action around the ball-ring groove con-
tacts. This replenishment is enhanced in the presence of vibrations which cause the balls
in the bearings to oscillate curvilinearly on the tracks. This motion makes the balls roll
over the ridges formed by the previous balls resulting in increased film thickness. It is
also shown that this type of supplementary replenishment by vibrations depends on the
load. A model to predict the increase in film thickness due to vibrations is proposed.

It is known that the level of starvation under pure axial load can be well described us-
ing only the product of base oil viscosity, half contact width, and linear speed (ηbu).
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With the improved film thickness measurement technique, a more accurate power law
relationship is proposed to predict the relative film thickness. The dependency of film
thickness on load is higher in starved contacts than in fully flooded contacts. It is also
observed that bearing size/geometry has little to no influence in determining the level
of starvation in the ηub concept.

The film thickness study in radially loaded bearings and bearings under combined (ax-
ial+radial) loads showed that there is an additional replenishment at the lower loaded
zones. This is due to a larger ‘gap’ between the ball and the groove in the low load zone
causing a reduction in resistance to viscous flow, thereby increasing the flow of lubricant
towards the contacts. The level of starvation in bearings under radial and combined
loads is lower than in pure axially loaded bearings. The magnitude of the surface tension
of the lubricant becomes essential to determine the level of starvation when bearings
are running under radial or combined load. It is shown that the surface tension of the
lubricant varies with temperature and may differ significantly between base oils for lu-
bricating greases.

Finally, a master curve is created that can be used to calculate the film thickness in grease
lubricated ball bearings under radial, axial and combined loads.



SAMENVATTING

In the meeste wentellagers wordt smeervet gebruikt als smeermiddel. De gebruiksle-
vensduur van een lager wordt bepaald door de levensduur van zowel het lager als van
het smeervet. Beide worden sterk beïnvloed door de kwaliteit van de smering, die sterk
wordt bepaald door de dikte van de smeerfilm. De optimale selectie van een smeer-
vet en/of het voorspellen van de levensduur van het vet en/of het lager kan alleen goed
gebeuren als de smeerfilmdikte kan worden uitgerekend. Tot nu toe is er echter geen
vergelijking om de smeerfilmdikte in vetgesmeerde lagers te voorspellen. In de praktijk
worden de vergelijkingen gebruikt die voor oliesmering zijn afgeleid.

In dit proefschrift wordt de smeerfilmdikte direct na de ‘churning fase’ bestudeerd
onder verschillende condities voor verschillende lagers en smeervetten. De smeer-
filmdikte wordt gemeten nadat de lagers meer dan 100 uur hebben gedraaid nadat ze
opnieuw zijn gevuld, om er zeker van te zijn dat de churning fase is voltooid. Er wordt
verwacht dat de lagers dan onder zogenaamde schrale smeringscondities draaien. Er
is een verbeterde elektrische capaciteitsmethode ontwikkeld om de filmdikte te meten
door gebruik te maken van een elektrisch model van het lager, inclusief het effect van
schrale smering. Het uitsluiten van schrale smering zou de smeerfilmdikte overschatten.

De smeerfilmdikte in een vetgesmeerd lager neemt aanvankelijk toe met de snelheid,
vergelijkbaar met oliegesmeerde contacten. Bij een verdere toename van de snelheid
wordt de smeerfilmdikte vrijwel constant; geen verdere stijging als gevolg van schrale
smering. Ze neemt ook niet af naarmate de snelheid toeneemt, dankzij een aanvulme-
chanisme (‘replenishment’). Bij schrale smering is de zijstroming van het smeermiddel
uit de kogel-ring-contacten afhankelijk van de contactverblijftijd en de overrolfrequen-
tie, die bij hogere snelheden in evenwicht komen.

De smeerfilmdikte wordt gemeten in lagers gevuld met verschillende vethoeveelheden.
Er wordt aangetoond dat deze alleen verschillen tijdens de churning fase van het smeer-
middel. Na de churning fase zijn de zelfgeïnduceerde temperaturen en olielaagdiktes
hetzelfde, ongeacht de initiële hoeveelheid vet in het lager. Dit houdt in dat de dikte van
de olielagen die na de ‘clearing’ fase op het spoor achterblijven, onafhankelijk is van het
vetvolume in het lager. Dit suggereert dat de filmdikte onmiddellijk na de churning fase
wordt bepaald door de dynamiek van de smeermiddelstroming in en rond de contacten
en niet door de olie die vrijkomt uit het vet (olie-bloeding uit het smeervet).

Contactreplenishment wordt veroorzaakt door de capillaire werking rond de kogel-ring-
contacten. Deze replenishment wordt versterkt door de aanwezigheid van trillingen die
ervoor zorgen dat de kogels in de lagers kromlijnig op de loopbanen oscilleren. Deze be-
weging zorgt ervoor dat de kogels over de ‘vloeistofruggen’ rollen die door de vorige ko-
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gels zijn gevormd, wat resulteert in een grotere smeerfilmdikte. Ook wordt aangetoond
dat dit soort olie-aanvulling door trillingen afhankelijk is van de belasting. Er wordt een
model afgeleid om de toename van de smeerfilmdikte als gevolg van trillingen te voor-
spellen.

Het is bekend dat de mate van schrale smering onder puur axiale belasting goed kan
worden beschreven door een vergelijking met slechts het product van de viscositeit van
de basisolie, de halve contactbreedte en de lineaire snelheid (ηbu). Met de verbeterde
techniek voor het meten van de smeerfilmdikte wordt een nauwkeuriger vergelijking af-
geleid om de relatieve filmdikte te voorspellen.

De afhankelijkheid van de smeerfilmdikte van de belasting is groter bij schraal ge-
smeerde contacten dan bij contacten waarbij er veel olie op de loopbanen zit. Er wordt
ook vastgesteld dat de afgeleide vergelijkingen onafhankelijk zijn van de grootte van het
lager.

Uit het smeerfilmdikteonderzoek bij radiaal belaste lagers en lagers onder gecombi-
neerde (axiale+radiale) belastingen blijkt dat er extra toevoer van olie naar de contacten
plaatsvindt in de zone in de omtrek van het lager waar de contactbelastingen lager zijn.
Dit komt door een grotere ‘opening’ tussen de kogel en de groef in de zone met lage be-
lasting, waardoor de weerstand tegen viskeuze stroming afneemt, waardoor de stroming
van smeermiddel naar de contacten toeneemt. De mate van schrale smering bij lagers
onder radiale en gecombineerde belastingen is lager dan die bij puur axiaal belaste la-
gers. De waarde van de oppervlaktespanning van het smeermiddel wordt essentieel om
de mate van schrale smering te bepalen wanneer lagers onder radiale of gecombineerde
belasting draaien. Er wordt aangetoond dat de oppervlaktespanning van het smeermid-
del een functie is van de temperatuur en daarnaast aanzienlijk kan verschillen tussen
verschillende basisoliën voor smeervetten.

Tenslotte wordt een mastercurve gecreëerd waarmee de smeerfilmdikte in vetgesmeerde
kogellagers onder radiale, axiale en gecombineerde belastingen kan worden berekend.
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NOMENCLATURE

ϵ0 Permittivity constant [F m−1]
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δi Elastic deformation in ball-inner ring contact [m]

δo Elastic deformation in ball-outer ring contact [m]

ϵai r Dielectric constant of air [-]

ϵoi l Dielectric constant of oil [-]

η Dynamic viscosity of the base oil [Pa · s]

ηTi Dynamic viscosity of the base oil at the inner ring [Pa · s]

ηTo Dynamic viscosity of the base oil at the outer ring [Pa · s]

â Vibration acceleration [ms−2]

â0 Vibration acceleration without unbalancing mass [ms−2]

ρ(p) Density at pressure p [kgm−3]

ρ0 Density at atmospheric pressure [kgm−3]

σ Surface tension [Nm−1]

a Half contact along the rolling direction for inner ring-ball contact [m]

AHer t z Hertzian contact area [m2]

Al v Experimentally determined constant in Pelofsky’s equation [Nm−1]

b Half contact width across the rolling direction for inner ring-ball contact [m]

Bl v Experimentally determined constant in Pelofsky’s equation [Pa · s]

Br Brinkman number [-]

Ci Ball-inner ring capacitance [F]

CL Load dependent parameter [-]

Co Ball-outer ring capacitance [F]

CT Non-dimensional thermal correction factor [-]
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Co,out si de Outer ring outside capacitance for single contact [F]

Couter Total outer ring capacitance [F]
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hg ap Distance between the ball and the surface [m]
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Ry

Rx
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1
INTRODUCTION

1.1 ROLLING BEARINGS
Rolling element bearings are among the most widely used machine elements in the
world [1]. There are more than 50 billion bearings operating in the world at any mo-
ment in time [1]. They are used in almost every device that has a rotating component,
including skateboards, computers, automobiles, aircraft, space crafts, sea vessels, and
so on. More than 80-90% of these bearings are grease lubricated [2]. Unlike plain bear-
ings or journal bearings which include significant sliding, rolling bearings are based on
rolling and therefore consume very little frictional energy.

1.2 LUBRICATING GREASE IN ROLLING BEARINGS
Grease is made by blending base oil (typically 80-90%) with a thickening agent (10-20%)
such as lithium soap, calcium soap, or polyurea [2, 3]. This semi-solid, colloidal ma-
terial possesses unique rheological and lubricating characteristics. In practice, grease
does not move unless the applied force overcomes its yield stress, shows shear thinning
behavior, and may release oil from the thickener which is called bleeding. Traditionally
grease is considered as a sponge filled with oil, with the sponge being the thickener, and
whenever stress is applied, the oil is released from the thickener [3, 4]. The classical lu-
brication mechanism suggests that it is the bled oil from these stationary locations that
replenishes the contact [5]. Once a newly filled bearing starts to rotate, the grease is re-
distributed in the bearing via a process known as churning [6]. During this process, most
of the grease is deposited on the shield, and the rest of the grease settles on the shoul-
der and cage. The remaining heavily worked grease stays on the track [6]. Pictorially,
this is shown in Figure 2.3. The churning process is divided into two sub-phases named
(a) channeling: the first phase where grease is pushed aside and a channel is formed,
and (b) clearing: the subsequent phase in which the remaining grease on the track is
removed [7, 8]. After the end of the churning phase, typically 1-24 hours, the bleeding
phase begins. This phase is by far the longer phase in the lifetime of the bearing and is
characterized by a semi-steady state where oil may be released by the above mentioned

1



1

2 1 INTRODUCTION

bleed process.

1.3 FILM THICKNESS IN GREASE LUBRICATED BEARINGS
The life and friction torque of grease lubricated rolling bearings are mainly determined
by the quality of the lubricating film (partially or completely) separating the rolling ele-
ment from the inner and outer rings of the bearings. If the surfaces are fully separated
by a lubricant film then the bearing is running in “full film lubrication” conditions. The
thickness of the film, commonly called “film thickness”, is determined by the lubricant
viscosity, contact geometry, and operating conditions. Predicting the film thickness fa-
cilitates the selection of the bearing size and lubricant for specific applications.

As mentioned above, grease consists mainly of oil and it is primarily this oil that lubri-
cates the bearing contacts. There are equations to calculate the film thickness for oil-
lubricated contacts when there is abundant oil around the contacts [9, 10]. In those
conditions, the contacts are considered “fully flooded” [11] (see Figure 2.1). When the
lubricant quantity influences the film thickness, the bearing is running under so-called
“starved lubrication” conditions [11, 12]. The film thickness will therefore be smaller.

In grease lubricated bearings, the supply of oil towards the contacts is limited. This is not
relevant at very low speeds, when there will be enough time for the oil to flow and provide
fully flooded conditions. Actually, at very low speeds the film thickness will even be larger
than the value calculated for fully flooded conditions. At moderately higher speeds, the
film thickness will be almost equal to that calculated for fully flooded conditions. The
explanation for this can be found in [13]. At moderate and higher speeds, the supply
of oil from grease towards the contacts is limited, therefore, grease lubricated bearings
mostly operate under starved lubrication [2].

So far, there are no models to predict the film thickness in grease lubricated bearings.
The available models are based on starved EHL models. These models require the thick-
ness of the oil layers “feeding the contacts”, or the meniscus distance in front of the
ball-race contacts, in addition to the properties that are needed to calculate the fully
flooded film thickness. There are models that calculate the film thickness by calculating
the side flow in the full contact domain (inlet and Hertzian contact) [14, 15], or only in
the Hertzian contact area [16, 17]. These models are used to calculate the thickness of
the layers in the outlet which forms the inlet for the next contact. These models predict a
decreasing film thickness in time. By contrast, measurements on ball bearings running
under constant operating conditions show that the film thickness is constant [18, 19],
which indicates that there must also be a supply of lubricant to the contact.

On ball-on-disc machines, it has been shown that the relative film thickness (the ratio of
grease film thickness to the calculated fully flooded film thickness) can be described by
a dimensionless number containing the base oil viscosity and contact dimensions [20].
For axially loaded 6209 bearings, a more-or-less similar relationship was found between
the relative film thickness and the product of viscosity (η), half contact width (b), and
linear speed (u) [19]. This is the starting point of the research described in this thesis.

The important questions that are explored in this thesis are:
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• How does the film thickness vary with speed in a ball bearing?

• Does the film thickness depend on the initial quantity of grease filled in the bear-
ing?

• Does the film thickness depend on the bearing size?

• Does the film thickness depend on the type of load, i.e., axial load, radial load,
and/or combined load?

• Immediately after the churning phase, what are the significant loss and replenish-
ment mechanisms?

• Does the film thickness depend on the vibration level of the machine?

• Can one predict the film thickness immediately after the churning phase?

1.4 OUTLINE OF THE THESIS
This thesis is divided into two parts. In the first part, the study is summarized and the
important results are discussed. In the second part, the complete peer-reviewed publi-
cations are attached. The remaining chapters in the first part include:
Chapter 2: In this chapter, the film thickness theory and the available models associated
with the grease lubricated bearings are summarized.
Chapter 3: Here, methods to measure the film thickness in ball bearings are discussed.
We show why a new method is required compared to the works of Wilson and Jablonka.
We also discuss other experimental tools used in the study.
Chapter 4: Film thickness dependency on the initial grease quantity is discussed. Here,
we show that film thickness immediately after the churning phase does not depend on
the bleeding, and that there is no bulk reflow of grease.
Chapter 5: The influence of vibrations on film thickness is presented. We induce addi-
tional vibrations to prove the dependency of the film thickness on vibration.
Chapter 6: The film thickness in axially loaded bearings of various sizes is shown.
Chapter 7: The film thicknesses in a bearing under radial loads and combined (radial +
axial) loads are presented. The effect of surface tension is shown.
Chapter 8: The conclusions from this research work and some recommendations for fu-
ture studies are presented.





2
FILM THICKNESS THEORY FOR

GREASE LUBRICATED BEARINGS

This chapter will briefly describe the theory and existing models that will be used in this
thesis. It starts with the theory developed for oil-lubricated contacts and how this is
applied to grease lubricated contacts. The chapter will finish with a description of how
this theory is used in a novel film thickness measurement method.

2.1 FILM THICKNESS IN OIL LUBRICATED CONTACTS

2.1.1 FULLY FLOODED CONDITIONS
In 1886, Reynolds developed the hydrodynamic lubrication theory which described the
lubrication mechanisms in conformal contacts [21]. When this was applied to non-
conformal contacts, such as in bearings and gears, the film thicknesses obtained were
too low to explain the successful operation of these machine elements. In 1945, Ertel
showed that in non-conformal contacts, due to high pressure, there is a local elastic de-
formation in the contact, as well as a drastic increase in the lubricant viscosity. This helps
to build the lubricant film in the non-conforming contacts [22]. This particular type of
hydrodynamic lubrication is denoted by Elasto-Hydrodynamic Lubrication (EHL). Af-
ter this breakthrough discovery, a lot of effort was put into obtaining the solutions for
line contact problems numerically. The next milestone discovery happened in the 1960s
when Dowson and Higginson proposed the (engineering) equations for film thickness
based on the curve-fitted regression analysis for line contact problems [23]. Ertel and
Petrusevich predicted a local drop in film thickness, a constriction at the contact exit,
and a corresponding spike in pressure. The calculations of Dowson and Higginson con-
firmed this spike in pressure and the restriction in film thickness which gives the min-
imum film thickness [23–25]. Figure 2.1 shows the elastic deformation of the contacts,
the constriction formed at the exit, the central film thickness hc , minimum film thick-
ness hm , and the pressure distribution.

5
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After solving the line contact problem, the solution for the elliptical contact problem was
achieved more than a decade later because of the higher computing power required for
the 2-dimensional nature of the problem [26]. In 1976-1977, Hamrock and Dowson pub-
lished, for fully flooded conditions, the following equations for the central and minimum
film thicknesses, which are still widely used today [10, 27–29]:

Figure 2.1: A fully flooded EHL contact showing the central and minimum film thickness. The dotted line
shows the pressure profile in the contact.

hc

Rx
= 2.69U 0.67G0.53W −0.067(1−0.61e−0.73kd ), (2.1)

hm

Rx
= 3.63U 0.68G0.0.49W −0.073(1−e−0.68kd ). (2.2)

Here, hc is the central film thickness (often written as h f f where f f stands for “fully
flooded”), hm is the minimum film thickness, Rx is the reduced radius in x direction, kd

is the ellipticity parameter, G , U , and W are dimensionless material, speed, and load
parameters, respectively. In deep groove ball bearings, elliptical contacts prevail.

2.1.2 STARVED CONDITIONS
In 1970, Wedeven observed that the film thickness also depends on the amount of oil
in the inlet of the contacts, a lubrication condition called “starved lubrication” [11, 30].
The film generation in EHL contacts mainly depends on the pressure generated in the
inlet region: if this region is supplied with a limited quantity of oil, the length over which
shear flow towards the contact can take place is smaller, leading to a lower film thickness
than in the case of fully flooded conditions [30]. Figure 2.2 shows the limited supply of
oil in front of the contact, the meniscus position, central and minimum film thickness,
and pressure distribution.
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Figure 2.2: A starved EHL contact showing the central and minimum film thickness. The dotted line shows the
pressure profile.

Wedeven showed that the film thickness in starved contacts can be correlated to the in-
let meniscus position and proposed an equation to estimate the film thickness based
on this. Later, an improved model for the film thickness based on this meniscus posi-
tion was given by Hamrock and Dowson [31]. Finding the inlet meniscus position in
a bearing is practically impossible/difficult, although great progress has been made in
measuring this using ultrasonic sensors [32, 33]. Also, in the case of heavily starved con-
tacts, the inlet meniscus coincides with the Hertzian contact radius, which makes this
parameter of limited use [14]. Therefore, a model that uses the oil layer thickness on
the track in front of the contact as a measure for the level of starvation was proposed by
Damiens et al. [14]. This model uses a parameter called γ which determines the loss of
lubricant from the contact by side-flow. By curve fitting the results of numerous simula-
tions, they correlated γ with the operating parameters. In real bearings, the contacts are
much wider than those for which they have calculated the γ values so the model cannot
be used here directly.

Van Zoelen [34] recognized that the oil in the above mentioned layers that are feeding
the EHL contacts with oil, not only flows due to the interaction with the balls but also
by centrifugal shear stresses on the layers caused by the rotating rings and balls. He
showed, with pure rotation and “planetary rotation” of the balls, that characterizing this
behavior is not trivial.
In addition, Van Zoelen developed a semi-analytical model for side flow of oil from the
Hertzian area in lubricated contacts [16]. Neglecting inlet side flow means that their
model is only valid for severely starved contacts (i.e., very short inlets). Again, the outlet
layer thickness of an EHL contact determines the inlet layer thickness of the next con-
tact. The result was an equation to predict the film thickness in the full bearing based on
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side flow from the Hertzian contacts without considering replenishment [16, 17]. The
absence of contact replenishment caused a decreasing film thickness. However, via this
model, they showed that the film thickness decay rate is lower at increased load and is
independent of speed. This appears counter-intuitive. Later in this thesis, we will show
that the film thickness is independent of speed at higher speeds.

Both the Van Zoelen and the Damiens models predict a film thickness decay. However,
the measurements in real bearings show a constant film thickness, indicating the pres-
ence of contact replenishment, i.e., (re-)flow of lubricants towards the center of the run-
ning tracks. Studies on the replenishment mechanisms will be further discussed in the
next section.

2.2 REPLENISHMENT MECHANISMS
The lubricant enters the contact at the inlet region. The increase of pressure in the inlet
will cause some side flow. The very high pressure inside the contact also causes some
side flow but much of it is compressed, traveling through the contact, and leaving the
contact at the outlet where it is decompressed. When the lubricant leaves the contact, it
forms two almost equally thick layers on the two contacting surfaces and continues to
lubricate the next contact [16, 34, 35]. Oil volumes next to the track caused by side flow
are not lost from the bearing but provide contact replenishment, leading to relatively
stable film thicknesses. Some fundamental work was done on this mechanism and will
be listed below.

Pemberton and Cameron [36] visualized the flow of lubricant around an EHL contact on
a ball-on-disc machine. They showed that the outlet layer thickness is not uniform and
that ridges are formed. They showed that replenishment mainly happens at the inlet of
the contact by squeezing the oil ridges resulting in oil feed to the center of the contacts.
This is enhanced by capillary effects.

In an axially loaded ball bearing, the balls will not only rotate but may also spin. The ex-
periments conducted by Åstrom et al. [37] on a thrust ball bearing, Larsson [38] on deep
groove ball bearing test rig, and Cann et al. [39] on a ball-on-disc machine showed the
significance of ball spin in replenishment. They claimed that due to ball spin, lubricant
will be pulled towards the contact region which would help contact replenishment.

Track replenishment could also be due to out-of-contact replenishment, which is
a result of replenishment between successive over-rollings [20]. In 1974, Chiu [40]
modeled replenishment by assuming that there is sufficient oil available from the
ridges along the track, and presumed that replenishment mainly occurs in-between
the balls in a bearing due to surface tension forces [40]. However, later, Gershuni et
al. [41] and Jacod et al. [42] showed that this out-of-contact replenishment is negligible
in ball bearing applications because of the very short duration available to replenish
the contacts between successive over-rolling. There is nowadays an agreement that
out-of-contact replenishment within the bearing is generally too slow and therefore
not relevant [18, 20, 41]. Therefore, it is evident that capillary pressure forces cause the
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in-contact replenishment which drives the lubricant towards the center of the ball-ring
contacts.

Recently, using computational fluid dynamics (CFD) simulations, Nogi [43, 44] and Fis-
cher et al. [45] simulated replenishment in starved EHL contacts. They found that starva-
tion was dependent on the capillary number which is a function of viscosity and surface
tension. Then they determined the transition from fully flooded conditions to starved
lubrication based on this.

In radially loaded bearings, the load distribution along the circumference is not uniform,
hence, a ball continuously moves from the loaded zone where the Hertzian contact size
and pressure are large, to the unloaded zone where the Hertzian contact size and pres-
sure are small, and back again. The significance of this motion on replenishment was
studied by Cann and Lubrecht [46] on a ball-on-disc machine. They showed that un-
loading the ball, which resulted in a smaller contact width, facilitated the lubricant flow,
resulting in higher film thickness. This shows that in addition to the properties of the
lubricant, and bearing parameters, the dynamic conditions arising during the operation
of the bearings may also play a role in determining the film thickness in ball bearings.

2.3 FILM THICKNESS IN GREASE LUBRICATED CONTACTS

2.3.1 FULLY FLOODED CONDITIONS

Figure 2.3: A grease lubricated bearing showing grease reservoirs on the seal, shoulder, and cage.

Grease film thickness measurements under fully flooded conditions on ball-on-disc ma-
chines or on two-disc machines showed that the film thickness could be greater than
the base oil film thickness [11, 47–50]. If the test was set-up such that starvation could
occur, then the initial film thickness was again initially higher than the oil film thickness
but subsequently dropped to values below the base oil film thickness [51–53].
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The observation of a grease lubricated EHL contact using a high-speed camera by
Åstrom et al. [53] showed that some of the thickener particles passed through the con-
tact which explains the above mentioned larger films. This was further confirmed by the
experiments carried out by Cann et al. [50]. Several studies have led to models for fully
flooded grease lubricated contacts. One of the first models, by Sasaki et al. [54], consid-
ered grease as a Bingham fluid. The models by Greenwood and Kauzlarich [55], Yang and
Qian [56], and Jonkisz et al. [47] use a Herschel-Bulkley rheology model. These models
might be relevant during the churning phase of the grease, and if the operating speed is
low. As the speed increases, shear thinning behavior/structural breakdown of the grease
leads to the viscosity approaching the base oil viscosity [57]. Cen et al. [13] and Kaneta
et al. [58] showed that this only applies to extremely low speeds. At moderate speeds,
the films are almost equal to the base oil film thickness. A recent study by Cyriac et al.
[59] showed that for moderate speeds, the grease film thickness does not depend on any
grease rheological properties. They also showed that the increase in film thickness due
to thickener entrapment is related to the thickener volume fraction and the size of the
thickener fibers. In another study, Couronne et al. [60] showed a relationship between
the grease elastic modulus and the film thickness.

At higher speeds, starvation occurs and the film thickness becomes smaller than the fully
flooded base oil film thickness. This is described further in the next section.

2.3.2 STARVED CONDITIONS
The grease film thickness study on a ball-on-disc machine showed that if the grease is
not pushed back to the contact, starvation occurs resulting in an initially decreasing film
thickness which later becomes stable [46, 61, 62]. Cann et al. [62] also showed that the
decay rate is similar to the base oil decay rate. Merieux et al. [63] showed in their ball-
on-disc measurements that grease replenishment depends on the shear stability of the
grease. The least shear-stable grease showed a constant film thickness with time whereas
the film thickness in the stable grease dropped with time. The film thickness in interme-
diately stable grease initially dropped and then recovered. They ascribed this to a differ-
ence in oil release rate: the least shear-stable grease quickly releases the oil, generating
more oil for replenishment [63]. They postulated that the film consisted of a thickener
deposited layer in combination with a hydrodynamic film. In the case of a stable film,
there will be a balance between the loss and feed of lubricant from and to the contacts
[42, 62].

Based on the replenishment mechanisms discussed above, Miettinen [64] categorized
the lubrication mechanism in grease lubricated bearings into three categories. The bear-
ing geometry, grease properties, and operating conditions determine which parameter
will dominate and determine the film thickness [64]:

(a) Film build-up is due to both thickener and base oil, and could also include the
bulk movement of grease [61, 62].

(b) Grease reservoirs formed during churning release the base oil [5].

(c) Film formation is due to heavily worked grease, whereas the rest of the grease sim-
ply seals the bearing [65].
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Finally, using experimental results from the ball-on-disc machine, and considering that
replenishment is a local phenomenon driven by capillary forces, Cann et al. [20] pro-
posed a dimensionless parameter called the SD parameter. This parameter relates the
relative film thickness (the ratio of measured film thickness to calculated fully flooded
film thickness) to the viscosity, half contact width, linear speed, and oil layer thick-
ness. Using this parameter, we can identify the boundary between the fully flooded and
starved regimes, and determine the film thickness in the starved regime [20].

These single-contact measurements are helpful in understanding some of the funda-
mentals of grease lubrication in bearings. However, they may not include all the possi-
ble replenishment mechanisms as would occur in real bearings. We have now reached a
point where further understanding can only be done by directly studying the film thick-
ness in a grease lubricated bearing.

2.4 FILM THICKNESS MEASUREMENT IN A BEARING - STATE OF

THE ART
The very first film thickness measurements in rolling bearings lubricated with grease
were done in 1979 by Wilson [66] using the electrical capacitance method. This method
was first used by Lewicki [67], then by Crook [68], and Dyson and Wilson [69]. They
measured film thickness on a two-disc machine. Currently, the electrical capacitance
method is considered the most suitable method available to measure film thickness in
bearings. In the EHL contacts, due to the high load applied, the ball-ring contact will
elastically deform and resemble a parallel plate capacitor when voltage is applied across
them. The separating oil film between the ball-ring contact acts as a dielectric material,
the thickness of which (called the film thickness) determines the capacitance of the con-
tact. When the film thickness changes, correspondingly, the capacitance also changes.

When an EHL contact acts as a capacitor, it is not just the Hertzian region contributing
to the total capacitance; the region around the Hertzian contact also contributes. The
method was therefore later refined by including the contribution to the capacitance of
this region. In this study, we call this the “outside capacitance”. Barz et al. [70] used a
correction factor to compensate for this outside capacitance and measured film thick-
ness in an angular contact ball bearing. They showed that the relative film thickness is
governed by a power law relationship with speed. The film thickness measured by Baly
et al. [71] in an angular contact ball bearing showed that the film thickness initially in-
creases with increasing speed similar to the base oil film thickness. Further increase in
speed led to starvation, after which a small drop in film thickness was observed. Even
further increasing the speed made the film thickness constant (independent of speed)
up to a certain speed. Additional increase in speed gave a higher irregular film thickness
[71]. Similar results are also obtained in our measurements which will be presented in
the later chapters.

Using the calibration method developed by Wilson [66] which intrinsically includes the
outside capacitance in the calibration process, the film thickness in a full bearing at
ultra-low speeds was measured by Morales-Espejel et al. [13]. They reported that the
film thickness is notably greater compared to the film thickness in base oil lubrication.
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Similarly, for moderate speed conditions, Cen and Lugt [19] showed that the relative film
thickness follows a power law relation with ηbu (the product of viscosity, half contact
width and speed) for various greases and loads.

Jabloka et al. [72–74] computed the contribution of the outside capacitance for single
contact measurements as well as for full bearings under fully flooded conditions only.
Here, we extend this method to starved lubrication conditions, which are dominant in
grease lubricated bearings. In addition, in our new method, the dielectric constant of
the lubricant, which is load-dependent, can be obtained directly from the test rig which
makes it easier. The new method is discussed in the next Chapter.



3
EXPERIMENTS

In this chapter, we briefly describe all the experimental methods and setups used in this
research. First, we list the greases used, then describe our two film thickness measure-
ment test rigs. Then we describe the electrical capacitance method. We briefly explain
the previously developed methods and their advantages and shortcomings. Then, we
introduce our new improved capacitance method. Surface tension measurement is sub-
sequently described. For a more detailed description of the new film thickness measure-
ment methods, the reader is referred to Paper 1 in Appendix A.

3.1 GREASES
Three lithium-thickened greases with mineral oil as the base oil are chosen for this study:
one with base oil viscosity of 100 cSt at 40 ◦C and consistency of NLGI grade 2.5, named
“LiM-100-2.5” grease; another grease with a base oil viscosity of 474.5 cSt at 40 ◦C having
consistency of NLGI grade 1.5 is called “LiM-460-1.5” grease; a third grease with the same
base oil viscosity of 474.5 cSt at 40 ◦C but with higher thickener percentage resulting
in NLGI grade 3 is named “LiM-460-3”. Other properties of these greases are given in
Table 3.1. Based on the measured outer ring temperature, the base oil viscosities at other
temperatures are estimated using Walther’s equation [2].

3.2 TEST RIGS
In this study, two test rigs are used to measure film thickness in ball bearings. Using
test rig 1, we can measure film thickness in a 6209 bearing under an axial load and up
to a speed of 4000 rpm. The outer ring of the bearing is isolated from the rest of the
rig using polymers. The test bearing is driven by an electric motor, attached through a
magnetic coupling. A mercury contact is used to establish an electrical contact with the
rotating inner ring of the bearings. Axial load is applied through pneumatic bellows, and
the resulting force is measured using a load cell. This test rig is used in obtaining results
presented in papers A and B (in the appendix). The schematic diagram of the test rig

13
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Property LiM-100-2.5 LiM-460-1.5 LiM-460-3

Kinematic viscosity @ 40 ◦C (cSt) 102.8 474.5 474.5

Kinematic viscosity @ 100 ◦C (cSt) 10.3 31.4 31.4

Density @ 15 ◦C (g/cm3) 0.891 0.902 0.902

Pressure-viscosity coefficient @ 40 ◦C (GPa−1) 31.8 27.4 27.4

Thickener content (% mass) 13 13 17

Surface tension @ 61 ◦C (N/m) 0.0171 0.0276 0.0276

Al v (N/m) 0.0330 0.0327 0.0327

Bl v (Pa.s) -0.0217 -0.0219 -0.0219

Table 3.1: Properties of greases used in this study. Al v and Bl v are used in Pelofsky’s equation to determine
surface tension at various temperatures.

with critical parts listed is shown in Figure 3.1.

Figure 3.1: Schematic diagram of a portion of test rig 1. The driving motor is not shown.

Using test rig 2, we can run ball bearings of three different sizes, i.e., 6204, 6206, and
6209 bearings. We can apply axial load, radial load, and combined loads. This test rig
can operate up to 14000 rpm shaft speed. The applied load is measured using a load
cell. Similar to test rig 1, the voltage across the inner ring and outer ring is measured
using a mercury contact fitted on the rotating shaft. Hybrid bearings are used as support
bearings. The schematic drawing of the test rig 2 used in this study is shown in Figure
3.2.

In both test rigs, the outer ring temperatures of the test bearings are measured using an
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electrically insulated thermocouple. The temperatures of the bearings are controlled by
passing hot/cold air around the test bearings. All the bearings used in our study have
C3 clearance. The capacitances of the test bearings are measured using ‘Lubcheck MK3’,
a specialized device developed at SKF. A schematic diagram showing the electrical con-
nection between the test bearings and ‘Lubcheck MK3’ is shown in Figure 3.3. For axially
loaded test conditions, an unmodified all-steel-ball bearing is used. For radial load mea-
surements, a hybrid bearing with a single steel ball is used.

Figure 3.2: Schematic diagram of test rig 2.

Figure 3.3: Schematic representation of the film thickness measurement interface on a single steel ball bearing
using Lubcheck [75].

3.3 JABLONKA’S ELECTRICAL CAPACITANCE METHOD
The electrical capacitance method is one of the most convenient methods now available
to measure film thickness in deep groove ball bearings. Figure 3.3 shows that the
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capacitance is measured by applying a voltage over the bearing where the bearing is
part of a test rig. The measured electrical capacitance includes the contribution of the
capacitance of the EHL contacts between balls and rings, and contribution from the rest
of the test rig. The latter is here called the “background capacitance”. The grease film
thickness here only affects the capacitance formed at the EHL contacts. Basically, the
background capacitance does not change, which is very convenient.

The simplest way to model the electrical capacitance in a bearing would be to consider
the EHL contacts as parallel plate capacitors with surface area AHer t z (the Hertzian con-
tact area), separated by a dielectric material, the compressed oil, with thickness hc .

The capacitance is then given by

CHer t z = ϵ0ϵoi l AHer t z

hc
, (3.1)

where ϵ0 is the permittivity constant (8.85×10−12F /m), ϵoi l is the dielectric constant of
the dielectric material (which in our study is lubricating oil).

This needs to be extended by including the contribution to the capacitance by the area
around the Hertzian contact, which is here called the ‘outside capacitance’.
This was earlier modeled by Jablonka et al. [72–74] for fully flooded conditions. In
starved contacts, only part of the “outside capacitance area” is filled with oil. By not
taking this effect into account, the film thickness will be over-predicted. The method
to measure the film thickness in this thesis is based on an extension/improvement of
the approach by Jablonka et al. [72–74], with the effect of starvation now included. As
mentioned above, Jablonka measured on fully flooded contacts, as shown in Figure 3.4.

Figure 3.4: A simplified fully flooded contact condition showing oil around the contact. (Depicted regions are
not to scale).

The outside capacitance has two regions, one filled with the oil (C f looded ), and another
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at the exit side of the contact where layers of oil separated by air fill the gap between the
contacts (Ccav ). Therefore, the outside capacitance can be calculated as

Cout si de =C f looded +Ccav (3.2)

where C f looded and Ccav are given by

C f looded =
Ï

A f looded

ϵ0ϵoi l d xd y

hc +hg ap (x, y)
(3.3)

and

Ccav =
Ï

Acav

ϵ0d xd y
hc
ϵoi l

+hg ap (x, y) 1
ϵai r

, (3.4)

where hc is the central film thickness and hg ap is the distance between the ball and ring
surfaces away from the Hertzian contact.

First, an approximate film thickness was used to predict the outside capacitance. Then,
using this capacitance, the film thickness was obtained. The dielectric constants at dif-
ferent loads and temperatures are predicted using the Clausius-Mossotti equation.

The integration limits were chosen based on the following assumptions:

1. On the inlet side of the contact, the capacitance was calculated up to the point
where the gap between the surfaces is nine times the central film thickness. The
oil level beyond this point gives fully flooded conditions [30].

2. In a bearing, to know the limits in the transverse (to the rolling) direction, it was
assumed that oil fills the gap between the ball and the bearing ring up to the shoul-
der.

3.4 THE NEW CAPACITANCE METHOD INCLUDING STARVATION
When a bearing with n balls is axially loaded, all the balls will carry the same load. This
results in equal film thicknesses at every ball. The electrical circuit connecting the inner
and outer rings therefore involves a setup of n capacitors arranged in parallel. Addi-
tionally, each of these capacitors is composed of two capacitors in series, formed by the
contact between the ball and inner ring as well as the contact between the ball and outer
ring. The corresponding electrical circuit is shown in Figure 3.5.

For a single ball, the capacitance between the ball and the inner ring is

Ci =Ci ,Her t z +Ci ,out si de (3.5)

and the capacitance between the ball and the outer ring is

Co =Co,Her t z +Co,out si de , (3.6)
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Figure 3.5: A simplified electrical circuit showing capacitors at the ball-ring interfaces.

where the subscripts Her t z and out si de stand for the Hertzian and outside capaci-
tances respectively, calculated using equation 3.1. For a bearing with n number of balls,
the capacitance at the inner ring can be obtained by

Ci nner = nCi (3.7)

and the outer ring capacitance is obtained by

Couter = nCo . (3.8)

The inner ring and outer ring capacitances are in series, therefore, the equivalent/total
capacitance of the bearing is given by

Ctot al =
1

1
Ci nner

+ 1
Couter

+Cbackg r ound . (3.9)

The total capacitance in the bearing is then

Ctot al =
1

1

n(ϵ0ϵoi l
Ai ,Her t z

hc,i
+Ci ,out si de )

+ 1

n(ϵ0ϵoi l
Ao,Her t z

hc,o
+Co,out si de )

+Cbackg r ound , (3.10)

where hc,i and hc,o are inner ring and outer ring central film thicknesses; Ci ,out si de

and Co,out si de are outside capacitances of the ball-inner and ball-outer ring contacts;
Ai ,Her t z and Ao,Her t z are the Hertzian contact areas on the inner ring and outer ring.
The background capacitance can be measured using a hybrid bearing. Hybrid bearings
are made with ceramic balls which do not form capacitors with bearing ring contacts,
hence, the measured capacitance will simply be the background capacitance.

Our new method uses Jablonka et al.’s capacitance model as a foundation. However,
in addition to the above considerations, we will here determine the dielectric constant
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of the oil within the experimental setup, without using any pressure-and temperature-
dielectric constant relationships. Additionally, we do not need an approximate film
thickness for calculating the outside capacitance. In this study, we include the effect
of starvation which is crucial in grease lubricated bearings.

3.4.1 FINDING DIELECTRIC CONSTANT
Finding the dielectric constant is similar to the calibration process proposed by Wilson
[66, 76]. Here, we fill the bearing with sufficient oil to ensure fully flooded conditions.
Then, we measure the capacitance and the bearing temperature at a particular operat-
ing condition (for example, 513 N and 4000 rpm). Using Hamrock and Downson’s film
thickness equation 2.1, we calculate the inner ring film thickness (h f f ,i ) and outer ring
film thickness (h f f ,o). Subsequently, these film thickness values are used to obtain the
outside capacitance using the equations 3.2, 3.3 and 3.4. By substituting the measured
total capacitance (Ctot al ) into equation 3.10 and rearranging, we can solve for the di-
electric constant ϵoi l . We repeat the same procedure to obtain the dielectric constant for
every different lubricant and load.

The same dielectric constant should be found for a specific lubricant and load at any
given speed. This is verified in Figure 3.6, showing the measured and calculated total
capacitances. The obtained dielectric constant in this condition is ϵoi l = 4.06.

Figure 3.6: Calculated and measured total capacitances versus film thickness for (a) inner ring and (b) outer
ring film thickness. Fa =513 N; LiM-100-2.5 grease bled oil. Here the dielectric constant was determined using
a single speed of 400 rpm.

3.4.2 OBTAINING THE GREASE FILM THICKNESS

3.4.2.1 STARVATION

During starvation, the inlet of the contact will be filled up to an inlet meniscus, and the
rest of the gap will be filled with two layers of oil and air. This is schematically shown in
Figure 3.7.

The outside capacitance now depends on the dimensionless meniscus position m,
which can be obtained using Hamrock and Dowson’s starved film thickness equa-
tion [31]
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Figure 3.7: A simplified depiction of the regions in starved contact conditions, illustrating the position of the
meniscus on the track. (Regions are not to scale).

hst = H f f Rx

(
m −1

m∗−1

)0.29

, (3.11)

where m∗ is the dimensionless inlet position at the boundary between the fully flooded
and starved regions. This can be obtained from

m∗ = 1+3.06

[(
Rx

b

)2

H f f

]0.58

. (3.12)

Here, H f f = h f f /Rx can be calculated using equation 2.1. Equation 3.11 contains two
unknowns m and hst both of which can be obtained by an iterative approach using the
measured capacitance. The relation between the outer ring film thickness and the inner
ring film thickness is obtained from [77]:

hst ,o = hst ,i

[
Ro(Ri +Rb)

Ri (Ro −Rb)

]0.476 (
ηTo

ηTi

)0.67

, (3.13)

where it is assumed that the relation between outer and inner ring film thicknesses dur-
ing starvation is the same as that under fully flooded conditions. The iterative procedure
to find the starved film thickness is shown in Figure 3.8

3.4.2.2 FULLY FLOODED GREASE FILM THICKNESS

In a grease lubricated bearing, at low rotating speeds, the film thickness can be larger
than the base oil fully flooded film thickness. In this case, we assume that the lubricant
completely fills the gap between the ball and the ring other than in the outlet region as
shown in Figure 3.4. Here, the total capacitance is only a function of the central film
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thickness. Now, we iteratively determine H f f until the measured and calculated total
capacitances (Ctot al ) become sufficiently close. The iterative procedure is described in
the flow chart shown in Figure 3.8.

Figure 3.8: Flow chart showing the procedure for determining the film thickness in grease lubricated bearings
using the new method.
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3.5 MEASURING SURFACE TENSION
The surface tension of each base oil is measured using a Dynamic Contact Angle (DCAT)
machine, following a Wilhelmy plate method. A clean thin plate is immersed in the test
lubricant heated to a specific temperature. The force on the plate that is a result of wet-
ting is measured, which gives the surface tension. A picture of the DCAT machine is
shown in Figure 3.9.

The surface tension σ of the lubricants changes with temperature, therefore, Pelofsky’s
equation [78] is used to predict it at other temperatures:

ln σ= l n Al v +
Bl v

η
. (3.14)

Here, constants Al v and Bl v are experimentally determined by curve fitting the mea-
sured surface tension at two or more temperatures and η is the dynamic viscosity of the
base oil (which depends on temperature). The values of these constants and the surface
tensions of the base oils are listed in Table 3.1. All measurements were repeated at least
twice for statistical significance.

Figure 3.9: DCAT machine used to measure the surface tension of the base oil.
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FILM THICKNESS DEPENDENCE ON

INITIAL GREASE QUANTITY

This chapter discusses the impact of the initial grease-filling quantity on the film thick-
ness after the churning phase. Here 6209 bearings are filled up to 30%, 15%, and 7.5%
of the free volume of the bearings using two different greases. The film thickness and
temperatures are measured on test rig 1 (see previous chapter for test rig description).
These two greases have very different consistency, and base oil viscosity but are made
out of the same thickener material with the same percentage of thickener. The different
initial filling quantities are expected to result in different grease reservoir sizes. Tradi-
tionally, it is speculated that from these stable reservoirs grease bleeds, replenishes the
contacts and reduces the level of starvation. Our results show that in both the greases,
after the churning phase, the temperature and film thickness are the same for all three
different initial fillings. This indicates that the quantity of heavily worked grease or oil
layer left on the track after churning is the same and does not depend on the initial fill-
ing quantity. Afterwards, the film thickness is measured at controlled temperatures and
at various speeds under three loads. The results show that initially, the film thickness
increases with the speed, and at higher speeds, it becomes almost constant. The film
thickness in all three different initial levels of filling is the same at all loads and speeds.
This implies that grease bleed does not contribute to contact replenishment during the
first hours after the churning phase.

The work in this chapter has been published. The paper can be found in Appendix B.

4.1 CHURNING RESULTS FOR DIFFERENT FILLINGS
The greases used in this effect of filling study are LiM-100-2.5 and LiM-460-1.5. The
properties of these greases are in Table 3.1 in Chapter 3.

The temperature in the bearing is determined by the frictional heat generated and the
heat dissipation from the bearings. The sources of friction in the bearings are a) rolling
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friction, b) sliding friction, c) seal friction, and d) viscous drag. In our study non-
contacting seals are used, therefore the seal friction can be neglected.

The churning temperature and film thickness profiles are shown in Figure 4.1. We can
notice that the temperature and film thickness profiles for both the greases mirror each
other. A high temperature leads to a low viscosity and therefore low film thickness.
At the start of the churning phase (channeling phase [6]), the temperature for 30% fill-
ing is higher for both greases, this is due to the higher drag forces. However, after the
churning phase, the temperature and film thicknesses of all three conditions, for both
the greases become almost the same.

The difference in temperatures between the LiM-100-2.5 and LiM-460-1.5 greases dur-
ing and after churning is due to the difference in viscous drag forces, caused by both a
difference in base oil viscosity and in consistency.

During churning, most of the grease is pushed out of the bearing swept area by the balls
leaving behind a heavily worked grease/oil layer on the track that is generally thinner
than the EHL fully flooded film thickness. The same temperature and film thickness
after the churning phase indicates therefore that the level of starvation/lubricant layer
thickness is the same after churning for all three different fillings.

(a) LiM-100-2.5 (b) LiM-460-1.5

Figure 4.1: Instantaneous temperature and film thickness during grease churning in 6209 bearing with (a) LiM-
100-2.5 and (b) LiM-460-1.5 greases at 30%, 15% and 7.5% initial filling, load = 513 N, speed = 4000 rpm.

The amount of grease left on the bearing seals after churning is shown in Figure 4.2.
Traditional grease lubrication mechanisms suggest oil bleeds from these stationary po-
sitions to replenish the contact. If the reservoir sizes are small, then the bleed would also
be small. The grease from the stationary position is here the grease attached to the seals
and the amount of this is given in Table 4.1 showing that the grease on the seals for the
bearings filled 7.5% is very low compared to 15% and 30% fillings. The amount of grease
left in the bearing (excluding the grease located on the seals) after churning is given in
Table 4.2 showing an independence on the initial filling quantity, the excess grease will
be pushed out of the bearing swept area during the churning process.
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(a) LiM-100-2.5 with a) 7.5%, b) 15%, and 30% fillings

(b) LiM-460-1.5 with a) 7.5%, b) 15%, and 30% fillings

Figure 4.2: The tested bearing seals showing the grease left on them for different percentages of initial grease
filling.
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Mass of grease on the seals

Filling (%) LiM-100-2.5 (g) LiM-460-1.5 (g)

7.5 0.24 0.28

15 1.46 1.36

30 2.35 1.96

Table 4.1: Mass of grease left on the bearing seals, measured after the experiments. The initial filling (mass) of
grease is 6.2 g, 3.1 g, and 1.55 g.

Mass of grease in the bearings Volume percentage of grease in the bearings

Filling (%) LiM-100-2.5 (g) LiM-460-1.5 (g) LiM-100-2.5 (%) LiM-460-1.5 (%)

7.5 1.31 1.01 6.48 4.99

15 1.21 1.04 5.98 5.14

30 1.37 2.27 6.77 11.71

Table 4.2: Mass and volume percentage of grease left in the bearings, measured after the experiments, after
taking off the seals. Here, the volume percentage is the fraction of the bearing’s free volume occupied by the
grease.

4.2 FILM THICKNESS RESULTS FOR DIFFERENT FILLINGS
In this section, film thickness results in different speeds and loads measured at a con-
stant temperature of 61±0.5◦C are presented. An example film thickness measurement
is shown in Figure 4.3. We can notice from this figure that the film thickness initially
shows a transient behavior but becomes stable after 2-3 minutes. The film thicknesses
reported here are taken after this.

Figure 4.4 shows the film thickness for the different filling percentages measured at
513 N, 700 N, and 900 N from 400 rpm to 4000 rpm for both greases. We can see that for
both the greases and for all the different filling percentages, the film thickness initially
increases with speed and becomes almost constant after a certain speed. This was pre-
dicted by Van Zoelen et al. [16, 34, 35]. In severely starved contacts, at higher speeds, the
film thickness depends on side flow out from the Hertzian contacts, determined by the
residence time and the overrolling frequency. As the speed increases, these two balance
out making film thickness almost independent of speeds [34, 79]. We can notice that
the film thicknesses are load dependent under starved lubrication, whereas they barely
vary with the load in the fully flooded conditions [18, 20]. In starved contacts, replenish-
ment at the exit center becomes smaller with increasing contact widths. Therefore, the
film thickness correlates well with the half-contact width. More on the transition to star-
vation and parameters determining the level of starvation will be discussed in the later
chapters.
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In Figure 4.4 we see that for both greases, under all the loads and at all the speeds (both
low and high speeds), film thickness is the same in the bearings initially filled with the
different quantities of grease. This shows that the replenishment rates in all the con-
ditions are the same even though the grease reservoir sizes are different. The oil bleed
from these stationary reservoirs apparently did not contribute to replenishment. Cen
and Lugt [19] showed that the starvation levels in greases with different bleed properties
were the same indicating that the bleed did not play a role in the bearings immediately
after churning. Recently, Lugt et al. [80] showed that oil bleeding starts only after the
point in time where the oil layer thickness is reduced. In their case, this was at the point
in time when oxidation started. In our experiments, the film thicknesses are measured
immediately after the churning phase, i.e., well before the onset of oxidation. Therefore
film thickness also did not depend on the bled oil from the stationary grease reservoirs.
The replenishment of the contacts is apparently only determined by the heavily worked
grease/oil layer left on the track after the churning phase.

LiM-460-1.5 grease is chosen for this study, presuming that because of its low con-
sistency, it might form lumps that would fall back onto the track, leading to a film
thickness that depends on the filling quantity. However, contrary to this expectation, the
experimental results demonstrate that this is not the case. Figure 4.4d-4.4f shows that
for all three different loads and all the speeds, 7.5%, 15%, and 30% grease fillings yield
the same film thickness similar to the behavior of the high consistency LiM-100-2.5
grease. From this result, we rule out the bulk re-flow of grease lumps onto the track as
the predominant replenishment mechanism during the early post-churning phase.
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Figure 4.3: An example film thickness measurement at 3000 rpm, Load: 900 N, Grease: LiM-100-2.5, filling
percentage: 30%.
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(b) LiM-100-2.5, 700 N
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(c) LiM-100-2.5, 900 N
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(d) LiM-460-1.5, 513 N
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Figure 4.4: Film thickness in 6209 bearings lubricated with LiM-100-2.5 and LiM-460-1.5 greases.

It can be argued that if the amount of heavily worked grease left on the track after churn-
ing is already enough to yield a fully flooded film thicknesses, then the film thickness
would not be influenced by the initial filling quantities. This is verified by calculating the
relative film thickness (the ratio of measured grease film thickness hg to the calculated
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base oil film thickness h f f ) at different conditions. If the relative film thickness is equal
or lager than one, the contacts are fully flooded, else they are starved. Figure 4.5 shows
that at higher ηbu values both “LiM-100-2.5” and “LiM-460-1.5” greases show starvation.

These results shed some light on the significance of some of the replenishment mech-
anisms, but do not infer that a lower quantity of grease filling is better. Previous ex-
periments have shown that the grease life is proportional to the grease quantity in the
bearings [81, 82], hence, lower filling will result in shorter grease life.

0.0E+00 1.0E-04 2.0E-04 3.0E-04
0.0

0.2

0.4

0.6

0.8

1.0

1.2

1.4

1.6
 30%
 15%
 7.5%

hg
/h

ff 
[-]

hbu [N]

(a) 30%, 15% and 7.5% filling of LiM-100-2.5

0.0E+00 4.0E-04 8.0E-04 1.2E-03
0.0

0.2

0.4

0.6

0.8

1.0

1.2

1.4

1.6
 30%
 15%
 7.5%

hg
/h

ff 
[-]

hbu [N]

(b) 30%, 15% and 7.5% filling of LiM-460-1.5

Figure 4.5: Relative film thickness vs product of viscosity, speed, and contact width.
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VIBRATIONS AND FILM THICKNESS

Vibrations in a machine are frequently occurring and may serve as a replenishment
mechanism in grease lubricated bearings [39, 83]. A study on a ball-on-disc machine
lubricated with grease showed that the lubricant film thickness increases with the lateral
vibrations [84]. In this chapter, we will show the significance of vibrations on the film
thickness in grease lubricated deep groove ball bearings. Additionally, we will show that
an increase in film thickness due to lateral vibration also depends on the axial load on
the bearings. The mechanism that causes the increase in film thickness due to vibrations
is identified and explained using an analytical model. Finally, we show that film thick-
ness does not decrease at high speeds (up to 0.8 million ndm) in grease lubricated deep
groove ball bearings. The results shown in this chapter are based on the experiments
done using test rig 2.

In this study, 6209 bearings are lubricated with LiM-100-2.5 grease (see Table 3.1 in
Chapter 3 for the grease properties). The film thickness is measured after running the
bearings for more than 100 hours to ensure the completion of the churning phase. An
accelerometer, horizontally mounted on the bearing housing, measures the vibration
acceleration. The film thicknesses and the vibrations are measured alternately to avoid
electrical signal interference without changing the test bearing set-ups. The work in this
chapter has been published. The paper can be found in Appendix C.

5.1 VIBRATIONS-INDUCED FILM THICKNESS CHANGES
Figure 5.1 presents film thickness measured on test rig 1 and test rig 2 with the same
bearing under an axial load of 513 N showing the same film thickness in both the rigs up
to 4000 rpm. As mentioned before, in test rig 1 we can measure film thickness only up
to 4000 rpm. The film thickness in test rig 2 between 3000 rpm and 6000 rpm is almost
constant, increasing to a peak value at 8000 rpm. Two potential sources of this increase
are electrical signal interference and mechanical vibrations. The background capaci-
tance should ideally be constant under all conditions i.e. at all speeds and loads. If any
electrical artifacts influence the measurements, then the background capacitance will
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vary. The background capacitance measured at different speeds remains stable, indicat-
ing that there was no electrical interference. Therefore, vibration is the likely reason for
the anomalous film thickness behavior. The accelerometer, to measure vibration accel-
eration, is mounted on the bearing housing using a magnet. The root mean square (rms)
values of the measured acceleration are calculated and plotted in Figure 5.1 showing that
at 8000 rpm there is a sudden rise in vibration acceleration signal, which subsequently
becomes almost stable. Film thickness and vibrations show a good correlation with each
other. Via power spectral density (PSD) analysis, we can identify some vibration charac-
teristics. Figure 5.2 shows the PSD of vibration signal at various speeds. For any speed,
the first harmonic frequency is its rotational frequency. Also, except for 2000, 4000,
and 8000 rpm the amplitudes of subsequent harmonics are lower than the first domi-
nant/fundamental frequency. We can see from Figure 5.2 that the 266 Hz peak, at a speed
of 8000 rpm, has the highest amplitude in comparison with other speeds/frequencies.
This could be the machine resonance frequency. Also, unlike other speeds, at 8000 rpm,
the second harmonic is orders of magnitude greater than the first harmonic. If the am-
plitudes of succeeding harmonics are lower than 15% of the first dominant frequency,
then the cause of vibration is likely due to the unbalanced rotating system [85]. The
measured vibration levels on our test rig are still within acceptable limits.

Figure 5.1: Film thickness and vibration acceleration for different speeds. Grease: LiM-100-2.5; bearing: 6209,
axial load: 513 N; Temperature: 61 ◦C.



5.2 CHARACTERIZING VIBRATION EFFECT ON FILM THICKNESS

5

33

0 100 200 300 400 500
0.00000
0.00014
0.00028

0.0000
0.0018
0.0036

0.000
0.009
0.018

0.00
0.27
0.54

0.000
0.051
0.102

0.0
1.1
2.2

0.00
0.13
0.26

0.0000
0.0058
0.0116

 

Frequency (Hz)

 2000rpm
33 Hz

99 Hz

 
 4000rpm

 

 5000rpm

 

 6000rpm

  7000rpm

 

PS
D 

(m
2 s-4

/H
z)

 8000rpm

149 Hz

133 Hz

266 Hz
2nd harmonic

116 Hz

100 Hz100 Hz

83 Hz

66 Hz
 

 9000rpm149 Hz

 

 

 10000rpm
1st harmonic

167 Hz

1st harmonic

1st harmonic

1st harmonic

1st harmonic

1st harmonic

1st harmonic

3rd harmonic1st harmonic

Figure 5.2: Power spectral density (PSD) plots for different speeds. Grease: LiM-100-2.5; bearing: 6209, axial
load: 513 N; Temperature: 61 ◦C. Self-induced vibrations (i.e., no unbalance mass added).

5.2 CHARACTERIZING VIBRATION EFFECT ON FILM THICKNESS
To further confirm whether film thickness increases with vibration, we induced addi-
tional vibrations at lower speeds by adding unbalancing masses on the main shaft. The
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vibration acceleration measured without any additional mass is denoted as â0; acceler-
ation measured with mass m1 is denoted as â1, and acceleration measured with m2 is
denoted as â2. Figure 5.3a shows the accelerations at different speeds due to these un-
balancing masses; distinctive vibration acceleration can be seen above 2000 rpm for all
three configurations. The corresponding film thicknesses measured in these setups are
shown in Figure 5.3b. It is evident from these results that the film thickness is higher at
higher vibration levels.

(a) (b)

Figure 5.3: (a) Vibration measurement showing the difference in vibration acceleration for the three configu-
rations. â0, â1 and â2 correspond to the accelerations induced by masses m0, m1 and m2 respectively. (b)
Variation of film thickness under corresponding vibration conditions. Bearing axial load = 513 N, Grease: LiM-
100-2.5.

The next question that arises is whether we can quantify the increase in film thickness
due to vibrations; also, is there a dependence on the applied axial load? To answer these
questions, similar to the 513 N study, we measured the film thickness at 900 N axial load
under three different levels of vibrations by adding unbalancing mass m1 and m2.

Then, we correlate measured film thickness hg ,â to vibration acceleration â to obtain a
characteristic fit. The film thickness hg ,â0 measured without any additional unbalancing
mass on the shaft corresponding to vibration acceleration â0 is considered as the refer-
ence. Figure 5.4 plots the normalized increase in vibration acceleration â−â0

â0
against the

normalized film thickness
hg ,â

hg ,â0
for axial bearing loads of 513 N and 900 N, fitting well

with:

hg ,â

hg ,â0

=CL

(
â − â0

â0

)1/5

+1, (5.1)

where the parameter CL varies with loads. Here, CL = 0.15 for 900 N load and CL = 0.3 for
513 N load, with correlation coefficient R2 values of 0.73 and 0.90 respectively.

All the film thickness and the vibration points shown in Figure 5.3 are plotted in Figure
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5.4 in addition to the 900 N measurements. Figure 5.4 infers that the increase in film
thickness due to vibration depends on the load. At higher loads, the replenishment due
to vibrations is lower than at lower loads. This is attributed to the contact width: at higher
loads, the contact width will be larger, and replenishing the center of the contact needs
a larger vibration amplitude. One can use equation 5.1 to correct the anomalous film
thickness measured at higher speeds due to effects such as resonance (shown in Figure
5.1).

5.3 MECHANISM BY WHICH VIBRATIONS INCREASE FILM

THICKNESS
Vibrations can increase film thickness via several possible mechanisms, one of which is
increase in resultant entrainment velocity due to lateral vibrations. The lateral vibrations
produced could alter the resultant entrainment velocity resulting in increased film thick-
ness [86]. We measured the lateral velocity due to vibrations by integrating the measured
vibration acceleration to estimate the velocity due to vibrations. This velocity is four or-
ders of magnitude lower than the main entrainment velocity. Therefore, this mechanism
is not considered to be the main reason for the increase in film thickness.

Another mechanism is rapid fluctuation in contact width due to rapid changes in the
normal load leading to an increase in entrainment velocity [87, 88]. The increase in film
thickness due to rapid change in load is calculated using the analytical solution from
Glovnea and Zhang [87, 88]. The unbalancing mass m2 is used for the calculations. It is
found that the film thickness variation due to this effect is just 1%. Hence, this mecha-
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nism is also considered to be insignificant.

One more mechanism that could increase the film thickness due to vibrations is when
the rolling elements roll on the ridges formed by the previous balls due to lateral dis-
placements [84]. The approximate axial displacement of the outer ring of the bearing
can be estimated by double integrating the measured vibration acceleration. Figure 5.5
shows an excellent correlation between the film thickness (black plot) and the estimated
axial displacement (red plot). Note that the axial displacement estimated from the mea-
sured vibration acceleration is a conservative estimate because it also includes the ef-
fects from other parts of the test rig.
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Figure 5.5: Film thickness (left axis) and estimated axial displacement (right axis) as functions of speed. Bearing
axial load (static) = 513 N.

Next, we show by solving analytical equations how a small unbalancing mass (m1=0.41 g
or m2 = 0.84 g ) could cause lubricant replenishment via over-rolling on the ridges
formed by the preceding balls. The load on the rolling elements changes continuously
when the unbalancing mass rotates. This causes the contact angle β′ to change corre-
spondingly. The resulting contact angle due to the applied axial load and the unbalanc-
ing radial load can be calculated using the equations proposed by Harris and Kotzalas
[89, 90]. The change in contact angle results in the curvilinear motion of the balls along
the groove, transverse to the rolling direction. This curvilinear displacement is given by
2πro∆β

′/360, where ∆β′ represents the change in contact angle due to unbalance only,
and ro is the outer ring groove radius. This is graphically shown in Figure 5.6.

We estimate the displacement of the contacts due to unbalancing masses m1 and m2

which causes 2.24 N and 4.27 N additional cyclic forces at 4000 rpm. The axial load con-
sidered is 513 N, it is assumed that the radial load varies sinusoidally with a frequency
of 2πn/60. Figure 5.7 shows that the shift in contact due to unbalancing force is also
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Figure 5.6: Contact geometry showing the axial and radial displacements and the resulting curvilinear trans-
verse displacement (arc length) at the contact.

sinusoidal with amplitudes of 4.21 µm and 8.06 µm for the 2.24 N and 4.27 N loads, re-
spectively. During this curvilinear displacement, the balls over-roll on the grease ridges
formed by the previous balls. This pushes the lubricant back towards the center of the
contact increasing the film thickness [84].
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(a) (b)

Figure 5.7: Cyclic radial loads and resulting shifts in contact due to unbalancing mass (a) m1 with unbalancing
force amplitude of 2.24 N, and (b) m2 with unbalancing force amplitude of 4.27 N. Bearing axial load (static) =
513 N.
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It has been speculated that the film thickness evolution in bearings with different sizes
would be different. This is ascribed to the different distances between the grease reser-
voirs and the EHL contacts [39]. In Chapter 2 we showed the relationship between the
relative film thickness and the product of viscosity, half contact width, and velocity (ηbu)
using only 6209 deep groove ball bearings. In this chapter, we will show that the ηbu
concept is also valid for bearings of different sizes. Here, film thickness is measured in
6204, 6206, and 6209 bearings lubricated with the LiM-100-2.5 and LiM-460-3 greases,
the latter with much higher viscosity. These are the widely used bearings in electric ve-
hicles, motors, and general-purpose machines. For more details on the bearing sizes
and greases used, refer to Chapter 3. Finally, an empirical equation is proposed to deter-
mine film thickness in the axially loaded deep groove ball bearings. An analysis is done
on the significance of speed and load’s contribution towards the film build-up. All the
results shown in this chapter are obtained using test rig 2. All film thickness measure-
ments are done at 61±0.5◦C . The work presented in this chapter has been submitted to
be published as a technical paper. The paper can be found in Appendix D.

6.1 FILM THICKNESS IN 6204, 6206, AND 6209 BEARINGS
Figures 6.1a and 6.1b show the film thickness in 6204 bearings lubricated with LiM-100-
2.5 and LiM-460-3 greases, respectively. The film thickness is measured from 1500 to
14000 rpm giving a maximum of 0.469 million ndm. The bearing lubricated with LiM-
100-2.5 grease is loaded with 300 N, 400 N, and 500 N axial load. The bearing lubricated
with LiM-460-3 grease is loaded with 400 N, 500 N, and 600 N axial loads. The loads are
randomly chosen below the maximum rating of the test rig and bearings. The resulting
contact pressure, and half contact width across ‘b’ and along ‘a’ are shown in Table 6.1.
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The film thickness in both the bearings increases with speed up to 4000 rpm then it be-
comes almost constant up to 6000 rpm. The film thickness abruptly increases after 6000
rpm with a spike at 8000 rpm. The spike at 8000 rpm and the scattered film thickness at
higher speeds are due to vibration effects. The reason for the increase in film thickness
due to vibrations was described in the previous chapter. The film thickness of LiM-100-
2.5 lubricated bearings shows a stable value after high speeds whereas the LiM-460-3 lu-
bricated bearings show a higher contribution of vibrations to the film thickness at higher
speeds. This appears to be due to the higher viscosity of the LiM-460-3 base oil.
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(a) Lubricated with LiM-100-2.5 grease.
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(b) Lubricated with LiM-460-3 grease.

Figure 6.1: Variation of film thickness with speed in 6204 bearings lubricated with (a) LiM-100-2.5 grease and
(b) LiM-460-3 grease.

Load (N) Half contact width b (mm) Half contact width a (mm) Contact pressure (GPa)

300 0.849 0.064 1.20

400 0.925 0.069 1.31

500 0.987 0.074 1.39

600 1.041 0.078 1.47

Table 6.1: Bearing loads, half contact widths (across and along the running direction, giving ellipticity ratio =
0.0748), and maximum contact pressures for 6204 bearing inner ring-ball contact.
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Figure 6.2 shows the film thickness in 6206 bearings. In these bearings, the film thickness
is measured up to 9000 rpm, corresponding to 0.41 million ndm. The film thicknesses
are measured at 310 N, 460 N, and 620 N axial loads, and the resulting contact pressures
and contact widths are shown in Table 6.2. Similar to 6204 bearings, the increase in film
thickness due to vibrations at about 8000 rpm can also be seen in these bearings.
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(a) Lubricated with LiM-100-2.5 grease.
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(b) Lubricated with LiM-460-3 grease.

Figure 6.2: Variation of film thickness with speed in 6206 bearings lubricated with (a) LiM-100-2.5 grease and
(b) LiM-460-3 grease.

Load (N) Half contact width b (mm) Half contact width a (mm) Contact pressure (GPa)

310 0.855 0.068 1.03

460 0.962 0.077 1.16

620 1.050 0.084 1.27

Table 6.2: Bearing loads, half contact widths (across and along the rolling direction, giving ellipticity ratio =
0.0797), and maximum contact pressures for 6206 bearing inner ring-ball contact.

Figure 6.3 shows the film thickness in 6209 bearings, the largest bearing we tested. The
film thickness is measured from 500 rpm up to 12000 rpm shaft rotational speed. This
corresponds to 0.78 million ndm for the highest tested speed. The film thicknesses are
measured at 513 N, 700 N, and 900 N axial loads. The resulting contact pressures and
contact widths are shown in Table 6.3. The increase in film thickness after 6000 rpm and
a peak film thickness at 8000 rpm can also be seen in these bearings.

In all the tested bearings, film thickness becomes almost constant at higher speeds. This
is because, in severely starved contacts, the film thickness is mainly determined by the
side flow, a function of residence time and the over-rolling frequency in combination
with contact replenishment. As the speed increases, these two effects balance out re-
ducing the dependency of film thickness on the speeds [16, 34, 79]. In all the bearings
the film thicknesses at different loads are also different. Under fully flooded conditions,
the dependency of film thickness on the load is minimal (h f f ∝ W 0.067) whereas it is
more significant under starved lubrication conditions. Replenishment at the center of
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(a) Lubricated with LiM-100-2.5 grease.
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(b) Lubricated with LiM-460-3 grease.

Figure 6.3: Variation of film thickness with speed in 6209 bearings lubricated with (a) LiM-100-2.5 grease and
(b) LiM-460-3 grease.

Load (N) Half contact width b (mm) Half contact width a (mm) Contact pressure (GPa)

513 1.087 0.085 0.97

700 1.194 0.093 1.07

900 1.286 0.100 1.15

Table 6.3: Loads, half contact widths (across and along the running direction, giving ellipticity ratio = 0.0779)
and maximum contact pressures for 6209 bearing inner ring-ball contact.

the contact in the starved contacts is less attainable for larger contacts. The higher loads
will increase the contact width, increasing the dependency of the film thickness on the
load [20, 39]. In all the tested conditions, the film thicknesses of LiM-460-3 lubricated
bearings are higher than the ones lubricated with LiM-100-2.5 greases. This is due to
the higher viscosity of the LiM-460-3 base oil. Later we will show that, even though the
absolute film thickness of LiM-460-3 grease is higher, the level of starvation, denoted by
the relative film thickness, is lower than the LiM-100-2.5 lubricated bearings.

In the next section, we will use all these results to obtain an empirical equation for the
film thickness.

6.2 FILM THICKNESS MODEL FOR AXIALLY LOADED BEARINGS
Most grease lubricated bearings operate under starved lubrication. The level of star-
vation in the bearings is given by the relative film thickness, the ratio of the measured
grease film thickness (hg ) to the calculated fully flooded base oil film thickness (h f f ).
The fully flooded film thickness is calculated based on Hamrock and Dowson’s fully
flooded film thickness equation 2.1. However, the film thickness obtained at higher
speeds using this equation will deviate from the actual film thickness due to the inlet
shear heating effects [91–93]. Therefore, a correction factor “CT ” proposed by Gupta et
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al. [91] is used with Hamrock and Downson’s film thickness equation:

CT = 1−13.2(pm/E ′)Br 0.42

1+0.213(1+2.23SRR0.83)Br 0.64 , (6.1)

where Br is the Brinkman number given by Br ≈−βη0u2/K , SRR is the slide-to-roll ratio
(which is assumed as zero in our calculations), β is the temperature-viscosity coefficient
obtained from η= η0e−β(T−T0), K is the thermal conductivity of the lubricant, and pm is
the maximum Hertzian pressure. The CT in our tests varied between 0.98 and 0.63.

A relative film thickness lower than 1 denotes starved lubrication conditions. In grease
lubricated contacts, the relative film thickness can be greater than 1, because at low
speeds, the shear rates are lower hence the grease apparent viscosity is more than the
base oil viscosity resulting in higher film thickness. It is shown by Cann et al. [20] on a
ball-on-disc machine, and later by Cen and Lugt [19] on full bearings, that the relative
film thickness correlates well with the product of base oil viscosity (η), half contact width
(b), and linear speed (u).

In Figure 6.4 we present the correlation between the relative film thickness and ηbu for
three different bearing sizes, each lubricated with two different greases and each un-
der three different loads at various speeds as mentioned in the previous section. The
film thickness influenced by vibrations is either corrected as mentioned in the previous
chapter or excluded from further analysis in this chapter. Even though vibration is one of
the important replenishment mechanisms, including this effect would hinder the iden-
tification of any parameter related to the bearing geometry and dimensions. Figure 6.4
shows the corrected film thickness for 6209 bearings lubricated with LiM-100-2.5 grease
for 513 N and 900 N loads. Data points above 6000 rpm for 6204–LiM-460-3 grease and
6209–LiM-100-2.5 grease (under 700 N load) are excluded.
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Figure 6.4: Relative film thickness in 6204, 6206, and 6209 bearings lubricated with LiM-100-2.5 (100 cSt) and
LiM-460-3 (460 cSt) greases.

A power law relationship can be established between the relative film thickness and ηbu
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as shown in Figure 6.4. The curve-fitted equation obtained from the measured film thick-
nesses is

hg

h f f
= 0.0544 (ηbu)−0.2945, (6.2)

with a goodness of fit R2 of 86%. The collapse of film thickness data from all three dif-
ferent bearings lubricated with two greases and at three different loads and speeds on a
single curve indicates that none of the bearing geometry-related parameters are neces-
sary to describe the film thickness. In fully flooded conditions, the film thickness h f f is
related to speed u by

h f f ∝ u0.67.

The inlet shear heating correction CT (Eqn. 6.1) also depends on the speed, approxi-
mated for a moderate speed condition as

CT ∝ u−0.25,

which yields
h f f ∝ u0.42.

The starved film thickness then reads:

hg ∝ u0.12, (6.3)

indicating that in the starved contacts, the film thickness has a weak dependency on
speed. This agrees with the work of Van Zoelen et al. [16, 34, 35]. The proposed equation
6.2 is not validated for ultra-low speed conditions. At ultra-low speed conditions, it has
been shown that the relative film thickness could be more than 1000 due to the very high
grease viscosity at low shear rates. This is because, at ultra-low-speed conditions, the
shear rates are very low.

Equation 6.2 shows that the transition from fully flooded to starved lubrication condi-
tions can be estimated only with the base oil viscosity, half contact width, and linear
speed and does not depend on the grease bleed rate, the bearing geometry parameters
or grease rheological properties. Also, it confirms again that replenishment is a local
phenomenon. Equation 6.2 indicates that the level of starvation increases with the base
oil viscosity, speed, and load. The replenishment in the bearing lubricated with higher
viscosity base oil would be difficult due to its lower mobility.

The fully flooded grease film thickness measurements on a ball-on-disc machine by Cen
et al. [94] and Kochi et al. [95] showed that the film thickness at higher speeds (the con-
ditions in which we tested our bearings) follows the base oil film thickness irrespective
of grease rheological properties. In full bearings, similar results can be seen. At higher
speeds, the inlet shear rates are so high that the grease viscosity is almost equal to the
base oil viscosity.
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Recently it was found by Okal et al. [96] that conformity–the ratio of the inner and outer
race radii to the ball diameter – influences the film thickness in starved lubrication con-
ditions. In our bearings, the outer ring conformity is different for different bearing sizes
but their effect on the film thickness could not be identified in our experiments.

The difference in bearing size would induce different centrifugal forces on the lubricant,
but since the replenishment is similar in all the bearing sizes, the effect of centrifugal
force on the lubricant flow seems not to be significant. This was also theoretically ex-
pected from the work of Van Zoelen et al. [34, 35]. They showed that the side flow in-
duced by the EHL action is more significant than the centrifugal force-induced flow.

Another parameter that influences the film thickness is the oil layer thickness on the
track and the balls [14, 20]. It was shown by Van Zoelen et al. [16, 34, 35] that the oil layer
at the exit of the EHL contacts divides equally between two rolling surfaces. Using the
equations proposed by Chevalier and Damiens, we can estimate the oil layer thickness

on the track h∞ after the churning phase using the equation h∞ = hgρ(p)
2ρ0

. Here, we use
the measured grease film thickness hg and the stable temperature after the churning
phase as inputs. The calculated oil layer thickness is given in Table 6.4. The oil left on
the track is almost the same in all three bearings and for both the greases. Therefore the
degree of starvation for all the bearings and greases has the same dependency on the
ηbu values.

Grease 6204 6206 6209

LiM-100-2.5 0.3 0.4 0.4

LiM-460-3 0.4 0.3 0.4

Table 6.4: Thicknesses, in µm, of the oil layers left on the track after churning.
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In the previous chapter, we established a power law relationship between the relative
film thickness and ηbu for axially loaded bearings. Unlike axially loaded bearings, in
bearings under radial or combined axial and radial loads, the load distribution among
the balls will not be uniform and, hence, the film thickness at the ball-ring interfaces
along the bearing circumference is not uniform. Consequently, an all steel ball bearing
is not suitable for measuring film thickness via electric capacitance. Therefore, a 6209-
type hybrid bearing is assembled with one ceramic ball replaced by a steel ball. This
facilitates the measurement of instantaneous film thickness as the steel ball moves along
the circumferential groove, given the ceramic balls are not electrically conductive.

The capacitance is a measure of film thickness, hence, it varies as the single steel ball
moves along the groove. The film thickness which is inversely proportional to the mea-
sured capacitance is highest at the lowest loaded ball, and lowest at the highest loaded
contact. The film thickness at this highest loaded point is considered in our analysis (see
Figure 7.1b and Figure 7.3b). Here, all the film thicknesses are measured after running
the bearing with freshly filled grease for 100 hours to ensure the churning phase has fin-
ished. Similar to the axially loaded bearings, the post-churning film thickness is stable
when the operating conditions are held constant. The average film thickness from a 10-
to 15-minute run at the highest loaded ball-ring contact is considered in our analysis.

The load distribution depends on the radial clearance in the bearing. In our experiments,
we used a hybrid bearing with C3 radial clearance.

LiM-100-2.5 and LiM-460-3 greases are chosen for the study. The film thickness is mea-
sured at 61±0.5◦C on rig 2. Three different radial loads are tested for each grease. A set of
three different combinations of radial and axial loads is used to study the film thickness
under the combined load conditions.

In this chapter, we demonstrate that the product ηbu is not sufficient to predict the level
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of starvation when a radial load is present. This is ascribed to a varying gap between
balls and rings along the circumference where the contact with the largest gap dominates
lubricant replenishment. We then show that the relative film thickness can be described

well with ηbu
zrσ

where zr is the radial gap between the ball and the outer ring groove at the
zenith of the unloaded zone.

The work presented in this chapter has been submitted to be published as a technical
paper. The paper can be found in Appendix E.

7.1 FILM THICKNESS

7.1.1 RADIAL LOAD
Three levels of radial loads are used in the tests: 700 N, 900 N, and 1200 N. The resulting
highest normal load in the bearing contact, corresponding contact width, and maximum
Hertzian pressure are shown in Table 7.1. An example capacitance measurement and
resulting normal contact load profile for the bearing under radial load is shown in Figure
7.1a. It is observed that the capacitance follows the load distribution. Figure 7.1b shows
the cyclic variation of capacitance with time and the (peak) capacitance values selected
for subsequent analyses.

Radial load (N) Highest load (N) a (mm) b (mm) Contact pressure (GPa)

700 414.8 0.110 1.417 1.27

900 515.3 0.119 1.523 1.36

1200 662.8 0.129 1.657 1.48

Table 7.1: Applied radial load on the 6209-type bearing and the resulting normal contact load on the heaviest
loaded ball, half contact widths along, a, and across, b, the running direction, giving ellipticity ratio = 0.0779)
and contact pressure for 6209 bearing inner ring-ball contact.

The film thicknesses from the highest loaded point for different speeds and loads are
shown in Figure 7.2 for both LiM-100-2.5 and LiM-460-3 grease lubricated bearings. We
can see that, similar to the axial load conditions, the film thickness initially increases as
the speed increases and becomes constant after a certain speed. For the LiM-100-2.5
lubricated bearing, the film thickness is stable after 2500 rpm whereas for the LiM-460-3
lubricated bearing, the film thickness became stable after 1000 rpm. We also notice that
the film thickness of LiM-100-2.5 grease is lower than that of LiM-460-3 grease because
of the former’s lower base oil viscosity. We will show in section 7.2.1 that even though the
absolute film thickness is lower for LiM-100-2.5 grease, the level of starvation is higher.
Unlike axially loaded bearings, the film thickness under radial load does not show much
variation with the load. We will explain the reason for this behavior in the next section.

7.1.2 COMBINED LOAD
Three sets of axial and radial load combinations are used in this study. The film thick-
nesses measured with (a) 500 N axial + 900 N radial load are denoted as ‘A500R900’; (b)
900 N axial + 900 N radial load are denoted as ‘A900R900’; (c) 900 N axial + 500 N radial
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(a) Calculated load distribution and the capacitance signal
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Figure 7.1: (a) Calculated ball-ring normal load variation and capacitance signal at different angular locations
as the steel ball moves along the bearing circumference, (b) cyclic capacitance signal showing the selected
peaks for a LiM-100-2.5 grease lubricated 6209 bearing under 900 N applied radial load.

(a) Lubricated with LiM-100-2.5 grease. (b) Lubricated with LiM-460-3 grease.

Figure 7.2: Variation of film thickness with speed for radially loaded bearings and lubricated with (a) LiM-100-
2.5 grease and (b) LiM-460-3 grease.
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load are denoted as ‘A900R500’. The resulting highest load on the ball, its contact widths,
and maximum Hertzian pressure are given in Table 7.2. An example load distribution
calculation for balls at different circumferential positions and the corresponding capac-
itance signal is shown in Figure 7.3a, and an example cyclic capacitance profile with the
chosen (peak) values is shown in Figure 7.3b. It is evident that the lowest loaded ball is
at an angular position of 108 ◦ from the highest loaded ball. The capacitance also follows
the same profile as the load variation along the bearing circumference.

Axial load (N) Radial load (N) Highest load (N) a (mm) b (mm) Contact pressure (GPa)

500 900 586.7 0.1239 1.590 1.42

900 900 658.4 0.1287 1.652 1.47

900 500 477.7 0.1157 1.485 1.32

Table 7.2: Applied combined load on the bearing and the resulting load on the heavily loaded ball, half contact
widths along, a and across, b the running direction, (giving ellipticity ratio = 0.0779) and contact pressure for
6209 bearing inner ring-ball contact.

The film thickness versus speed measurements at three different loads are shown in Fig-
ures 7.4. Similar to axial and radial load conditions, the film thickness increases with the
speed initially and becomes almost stable. As we noticed in the radially loaded condi-
tions, starvation for the LiM-100-2.5 grease lubricated bearing starts at a higher speed
than that for the LiM-460-3 grease lubricated bearing. Under combined load conditions
also, we do not see much load dependence for LiM-100-2.5 lubricated bearings.
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Figure 7.3: (a) Load distribution and the variation of capacitance at different angular positions, (b) capacitance
signal and the chosen value for bearings lubricated with LiM-100-2.5 grease at 4000 rpm under 900 N axial load
and 500 N radial load.
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(a) Lubricated with LiM-100-2.5 grease. (b) Lubricated with LiM-460-3 grease.

Figure 7.4: Film thickness variation with speed for combined axially and radially loaded bearings and lubri-
cated with (a) LiM-100-2.5 grease and (b) LiM-460-3 grease.

7.2 RELATIVE FILM THICKNESS
Figure 7.5 shows how the relative film thickness varies in radial and combined load con-
ditions for two different greases at various speeds and loads. Unlike axial load condi-
tions, here, the relative film thickness for LiM-100-2.5 grease and LiM-460-3 grease do
not merge to follow a unique power law relationship with ηbu in both radial load and
combined load conditions. This indicates that there are some additional parameters re-
quired to fully define the degree of starvation in the presence of radial loads.
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Figure 7.5: Variation of relative film thickness with ηbu for (a) radially loaded bearings, and (b) combined
axially and radially loaded bearings, and lubricated with LiM-100-2.5 and LiM-460-3 greases.

7.2.1 THE EFFECT OF SURFACE TENSION
Previous studies [19, 39, 41] have shown that replenishment happens due to the capillary
action at the ball and the groove contacts. The capillary action depends on the surface
tension of the lubricant.
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For pure axial load there was no need to include surface tension to describe the level of
starvation. This does not mean that it is not relevant, it means that it may vary so little,
compared to the speed, contact width and viscosity, that it can be considered constant.
To identify if it does become relevant for radial and combined load, we measured it at
61 ◦C , the test temperature, and found values of 0.0171 and 0.0276 N/m for LiM-100-2.5
and LiM-460-3 grease respectively (see Table 3.1) .

Now we plot the relative film thickness hg /h f f against ηbu/σ for both LiM-100-2.5 and
LiM-460-3 greased bearings in Figure 7.6. We can see that the relative film thicknesses
of both the greases merge together on a single curve for pure radial, and combined load.
Comparing the axial load results from Figure 6.4 with Figure 7.6c shows that the results
for axial load do not change significantly by adding σ.
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Figure 7.6: Variation of relative film thickness with ηbu/σ for (a) radial, (b) combined, and (c) axial load lubri-
cated with LiM-100-2.5 grease and LiM-460-3 grease.

To see whether the degree of starvation in each loading type follows the same power law
profile, we plot all results from axial, radial, and combined loads in Figure 7.7. The degree
of starvation is observed to be highest for axial load (i.e., lowest hg /h f f profile), followed
by combined and radial load conditions. This begs the question of why/how the degree
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of starvation depends on the loading types and why we had to include surface tension
when radial load is present. This is answered in the next section.
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Figure 7.7: Relative film thickness hg /h f f vs ηbu/σ for all three different loading types.

7.2.2 FILM THICKNESS MODEL FOR BEARINGS UNDER PURE RADIAL LOAD
The film thickness results under pure radial load (Figure 7.2) show that they do not vary
with the load magnitudes. To verify this, we plot in Figure 7.8 the relative film thickness
as a function of capillary number alone i.e. without including half contact width b of
the highest loaded ball. We can fit the data points for both LiM-100-2.5 and LiM-460-3
lubricated bearings under radial loads with a power law curve

hg

h f f
= 1.8

(ηu

σ

)−0.31
(7.1)

with R2 = 0.93. The fact that the contact width b of the highest loaded ball is not impor-
tant confirms that the level of starvation is independent of load for pure radial load. It
indicates that the replenishment in the radially loaded bearing is dominated by the balls
in the unloaded region. However, this replenishment mechanism is not present in axi-
ally loaded bearings. To address this, and include all the relevant mechanisms for all the
load types, we derive an universal expression, which is explained in the next section.
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Figure 7.8: Relative film thickness as a function of capillary number (ηu/σ) for three different radial loads and
two different greases.

7.2.3 THE RADIAL GAP EFFECT
As mentioned above, when a radial load is applied, the load distribution among the balls
in the bearing is not uniform (see Figure 7.1a and Figure 7.3a). Due to this load variation
among the balls, the Hertzian contact width b also varies, affecting the replenishment of
the contacts.

The oil replenishment in the ball-ring contacts is facilitated by the capillary pressure and
the hydraulic resistance. The capillary pressure is primarily determined by the surface
tension of the lubricant and the ‘fluid curvature’ [97, 98], which depends on the distance
between the surfaces outside the Hertzian contact. The smaller the distance between the
surfaces, the more replenishment is expected. But this capillary flow is also balanced by
the hydraulic resistance. This hydraulic resistance also depends on the distance between
the surfaces but this dependency is much higher than that of the driving capillary force.

In the highest loaded contact, this fluid curvature is largest due to smaller gap between
the surfaces, hence, higher capillary pressure is expected. But the hydraulic resistance is
also larger due to the increased contact width and the smaller gap between the surfaces.
In the lowest loaded contacts, the capillary pressure is expected to be lower than in the
highest loaded ball because of decreased curvature (increased gap), but the hydraulic re-
sistance reduces more significantly than the capillary pressure. Therefore a net increase
in oil replenishment is observed in the lowest loaded contacts.

Quantifying this effect is not trivial. Particularly under combined load, the gap between
ball and ring will be different on the left and right side of the contacts. The gap and
contact width will be different for each ball, it varies in 3 dimensions, there will be an in-



7.2 RELATIVE FILM THICKNESS

7

55

teraction between the inner ring and outer ring contact etc. As an engineering approach
we select the vertical distance between the apex of the ball and the outer ring groove and
call this zr .

This distance is straightforward in the case of pure radial load. In that case it is given by
zr = Pd +δi +δo , where Pd is the diametrical clearance, δi and δo are the inner ring- and
outer ring-ball contact deformation, respectively. When the radial load increases, the
gap zr also increases. When axial loads and combined loads (axial+radial load) are ap-
plied, the ball shifts axially and its vertical axis makes a contact angle β′ with the contact
normal (see Figure 7.9b). Here, the gap between the top of the ball and the groove center
depends on the axial, radial, and angular deflections of the inner ring; and the contact
angle. The procedure to obtain the ball center and inner ring groove center positions is
explained in reference [89]. The gap can then be calculated by assuming the ball is per-
fectly circular away from the Hertzian contact, the outer ring is stationary, and the inner
ring moves. This is a static load analysis, hence, centrifugal force is neglected to render
the contact angle at the inner ring-ball contact and at the ball-outer ring contact equal.

The gaps calculated for all the loads are listed in Table 7.3. For combined loads and radial
loads, the gap varies along the circumference of the bearing. An example calculation of
the gap zr for combined load condition is shown in Figure 7.10. We consider the largest
gap between the ball and the groove in our analysis. This largest gap happens to always
be radially opposite to the highest loaded ball. In the case of axial loads, the gap does
not vary much with the loads whereas the gap depends on the load when radial load
is applied. Since radial loads have an opposing impact on contact width, this explains
why the film thickness in radially loaded bearings do not vary much with the load mag-
nitudes. The gap zr also depends on the type of load i.e. axial, radial, or combined. It
is lowest for the axially loaded bearings, and highest for the radial load condition, and
in between for combined load. All these observations suggest that an increasing gap zr

leads to a decreasing degree of starvation.
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(a) Radial load (b) Axial load and Combined load

Figure 7.9: Ball-ring diagram showing the gap zr between the top of the ball and the outer ring groove.
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Bearing Axial load (N) Radial load (N) zr (µm)

6209 513 0 10.00

6209 700 0 10.16

6209 900 0 10.30

6206 310 0 7.50

6206 460 0 7.65

6206 620 0 7.80

6204 300 0 8.27

6204 400 0 8.43

6204 500 0 8.57

6209 0 700 37.62

6209 0 900 39.28

6209 0 1200 41.52

6209 500 900 26.95

6209 900 900 25.31

6209 900 500 20.15

Table 7.3: Applied load on different bearings and the gap zr calculated.

7.2.4 MASTER CURVE
Now, we have identified that the level/degree of starvation increases with increasing ηbu
and decreasing zrσ. In Figure 7.11 we plot the relative film thickness for all the results
shown so far —axial, radial, combined loads, all bearings and both greases—against the
non-dimensional number ηbu/zrσ. The relative film thickness is observed to correlate
well with ηbu/zrσ for axial, radial and combined loads and merges onto a single power
law relation. A curve fit to these measurement points results in a power law relationship
as follows

hg

h f f
= 7.305

(
ηbu

zrσ

)−0.34

. (7.2)

The goodness of curve fit is 87.7%. It is astonishing to see that different bearing sizes
with different lubricants, and different combinations of loads follow a single power law
curve. We can see that the transition from fully flooded to starvation begins when the
non-dimensional starvation parameter is more than 375. These results are only valid for
moderately low to high-speed conditions. At extremely low speeds, it is observed that
the film thickness increases several times more than the base oil film thickness [13, 94].
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Figure 7.10: Vertical distance between the top of the ball and the outer ring groove for all the balls in the bearing
for combined load comprising an axial load of 900 N and a radial load of 500 N in a 6209 bearing.

At extremely low speeds, the shear rates are low, hence, the grease’s apparent viscosity
could be higher resulting in a higher film thickness. When the speed increases, the shear
rate increases, and the grease viscosity approaches the base oil viscosity, therefore, we
only need base oil viscosity to estimate the film thickness and it does not depend on the
grease rheological properties.

As discussed in the previous chapter, we can also observe that the dependency on the
speed is lower when starved than when fully flooded. The film thickness dependency on
the load depends on the type of loading i.e. for axial load conditions, it depends on the
contact width ‘b’ but in the presence of radial load, the dependency on load decreases.
This is also reflected in the non-dimensional starvation parameter ηbu/zrσ. Since both
b and zr increase linearly with the load under radial load condition as shown in Figure
7.12, they balance out and the dependency on the load reduces.
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Figure 7.11: Variation of relative film thickness with non-dimensional starvation parameter.
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Figure 7.12: Contact width of the highest loaded ball vs gap zr for pure radial load, showing a linear relationship
between b and zr .
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CONCLUSIONS AND

RECOMMENDATIONS

8.1 CONCLUSIONS
Despite film thickness being one of the important parameters in grease lu-
bricated bearings, there are no equations to predict it. In this thesis, a sys-
tematic study on the film thickness immediately after the churning phase
was carried out. The primary findings from the thesis are outlined below.

The conclusions that are discussed here apply to good quality ball bearings
and greases in the operational domain in which the underlying tests have
been performed.

A new method to measure the starved film thickness in grease lubricated
bearings using an electrical capacitance method was developed, wherein
the ball-ring contacts are the capacitors. An electrical capacitance model
of the bearing was used, making it possible to calculate the impact of starva-
tion on capacitance. This is relevant because the ‘calibration’ is done with oil
lubrication, i.e., with fully flooded contacts. The result is that thinner films
are found.

It was shown that the film thickness after the end of the churning phase is
independent of the initial grease-filling quantity. We demonstrated that the
clearing sub-phase leaves oil layers with thicknesses that are solely deter-
mined by the dynamics of the oil flow in and around the contacts facilitated
by contact pressure driven side flow (loss) and capillary action (replenish-
ment). The film thickness does not depend on the oil bleed from the grease
reservoirs located outside the swept area of the bearing. We know that grease
looses its base oil during the life-time of the bearing. Apparently, bleed only

61
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takes place when oil-layers in the raceway are consumed (by evaporation,
leakage, etc.), i.e., after longer running times.

Contact replenishment is enhanced by vibrations. The film measurements
with vibrations showed that there was an increase in film thickness depend-
ing on the load on the bearings. Due to vibrations, the ball on the track os-
cillates curvilinearly causing it to roll over the ridges formed by the previous
ball, resulting in increased contact replenishment. A model to predict the
increase in film thickness due to vibrations was also proposed.

The film thickness in a grease lubricated ball bearing does not decrease with
increasing speeds but is almost constant after a certain critical speed. This
is contrary to what was often observed on ball-on-disc (single contact) ma-
chines. This means that grease lubrication can be safely applied at higher
speed applications such as in bearings for electric motors in electric vehi-
cles. The film thickness in an axially loaded ball bearing can be estimated
using the equation

hg

h f f
= 0.0544 (ηbu)−0.2945

with 86% accuracy. The film thickness dependency on the load is higher
than in the case of fully flooded conditions. Increasing the viscosity in-
creases the level of starvation. In moderate to high-speed conditions, the
film thickness does not depend on the grease’s rheological properties but
only on the base oil properties.

Applying radial or combined load changes the side flow and replenishment
due to a variation of the contact width b in the circumference of the bearing.
This introduces an additional dynamic effect but also makes the distance
over which contact replenishment needs to take place different for each ball-
ring contact in the bearing. Moreover, it is unlikely that the available volume
of oil for replenishment is equal for each ball. This volume determines the
capillary pressure, that drives the flow for contact replenishment.

Contact replenishment is driven by the balance of capillary pressure and
hydraulic resistance. The resistance depends on the length over which re-
plenishment needs to take place, i.e., the contact width b, and viscosity.
The capillary pressure depends on surface tension and the ‘fluid curvature’
which is given by the gap between ball and ring outside the Hertzian con-
tact, at the air-oil interface (side-ways meniscus). The fact that the surface
tension is not relevant for determining the level of starvation in the case of
axial load showed that this capillary pressure does not change considerably
with bearing load and speed. However, this does not apply in the case of
radial/combined load. This means that the height of the gap determining
the meniscus curvature (and therefore the capillary pressure) is determined
by a location/position that does not change considerably for pure axial load
but does change in the case for radial/combined load. It was shown in this
thesis that this position is at the apex of the balls. So the capillary pressure
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effects can be represented using the radial gap between ball and ring at the
ball-apex position.

The film thickness dependency on load magnitude in the presence of radial
load is lower than for axial load conditions. The surface tensions of the base
oils vary with temperatures, so it is essential to include them to determine
the transition from fully flooded conditions to starved conditions when ra-
dial loads are present. The relative film thickness in radially loaded bearings
can be found using

hg

h f f
= 1.8

(ηu

σ

)−0.31
.

a function of capillary number only with a confidence of 93%.

Finally, the film thickness in a deep groove ball bearing under axial, radial,
or combined load conditions can be estimated with a confidence of 87.7%
using the equation

hg

h f f
= 7.305

(
ηbu

zrσ

)−0.34

.
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8.2 RECOMMENDATIONS FOR FUTURE RESEARCH
• The film thickness equation developed in this thesis applies to ‘good quality’ ball

bearings and greases. These include ‘metal-soap’ thickened greases and polyurea
greases. It is recommended to continue this work with lubricating greases with a
different lubrication mechanism such a calcium-sulponate complex greases.

• Film thickness behaviors in ultra-low speed conditions were not considered in this
study since the focus was to identify the beginning of starvation and the parame-
ters controlling it. The film thickness at ultra-low speed might depend not only on
the base oil properties of the grease. This study would help to understand the film
thickness in ultra-low-speed applications such as wind turbines.

• Modern electrical motors are anticipated to operate at higher rotational speeds
than tested here (0.8 million ndm). It is recommended to measure film thickness
at higher speeds (2-3 million ndm).

• The maximum speed (reference speed) in bearings is a function of the grease type.
It is recommended to find the favorable properties of high speed greases by using
film thickness measurements.

• The film thickness studies in this thesis were performed after only 100 hours of
running the bearing after being filled with fresh grease. The replenishment mech-
anisms might change after a very long duration of bearing operation. Therefore,
a study on the film thickness in bearings after running for an extended period is
necessary.

• The effect of vibrations on the film thickness in a bearing can be studied further by
using a laser vibrometer which enables direct measurement of relative displace-
ment in the bearing outer ring.

• The film thickness in very low-consistency grease was not measured in our exper-
iments (Lower than 1.5). The lower consistency greases could give a different level
of starvation.

• The film thickness behavior might be different in different types of rolling element
bearings. The level of starvation in each bearing type, e.g. cylindrical roller bear-
ings, etc., needs to be studied individually.

• Three different deep groove ball bearing sizes were tested in this thesis. It was
shown that lubrication mechanism did not essentially change within this variation
of bearing size. It is recommended to investigate/find the largest size of bearing to
which the derived film thickness equation applies.

• All the tested bearings had C3 radial clearance. It is known that the radial load
distribution changes with radial clearance. Film thickness variation for bearings
with different clearance needs to be studied.

• The film thickness equation that was developed in this work is empirical. It is rec-
ommended to develop a physical model for side flow and contact replenishment
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for single contacts, and apply this to the complex geometry of a full grease lubri-
cated bearing to refine the equation.
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[47] Jonkisz, W., and Krzemiński-Freda, H., 1979. “Pressure distribution and shape of an
elastohydro-dynamic grease film”. Wear, 55(1), pp. 81–89.

[48] Muennich, H. C., and Gloeckner, H. J. R., 1980. “Elastohydrodynamic lubrication of
grease-lubricated rolling bearings”. ASLE Transactions, 23(1), pp. 45–52.

[49] Palacios, J. M., Cameron, A., and Arizmendi, L., 1981. “Film thickness of grease in
rolling contacts”. ASLE Transactions, 24(4), pp. 474–478.

[50] Cann, P. M., Williamson, B. P., Coy, R. C., and Spikes, H. A., 1992. “The behaviour
of greases in elastohydrodynamic contacts”. Journal of Physics D: Applied Physics,
25(1A), p. A124.

[51] Cann, P. M., 1996. “Understanding grease lubrication”. In Tribology Series, Vol. 31.
Elsevier, pp. 573–581.

[52] Aihara, S., and Dowson, D., 1978. “A study of film thickness in grease lubricated
elastohydrodynamic contacts”. In Proc of the 5th Leeds-Lyon Symposium on Tri-
bology, pp. 104–115.

[53] Åström, H., Isaksson, O., and Höglund, E., 1991. “Video recordings of an EHD point
contact lubricated with grease”. Tribology International, 24(3), pp. 179–184.

[54] Sasaki, T., Mori, H., and Okino, N., 1960. “Theory of grease lubrication of cylindrical
rooler bearing”. Bulletin of JSME, 3(10), pp. 212–219.

[55] Kauzlarich, J. J., and Greenwood, J. A., 1972. “Elastohydrodynamic lubrication with
Herschel-Bulkley model greases”. ASLE Transactions, 15(4), pp. 269–277.



BIBLIOGRAPHY 71

[56] Yang, Z., and Qian, X., 1987. “A solution to grease lubricated EHD film thickness in
an elliptical rolling contact”. In ImechE Conference Publication, Vol. 1, pp. 97–104.

[57] Jonkisz, W., and Krzeminski-Freda, H., 1982. “The properties of elastohydrody-
namic grease films”. Wear, 77(3), pp. 277–285.

[58] Kaneta, M., Ogata, T., Takubo, Y., and Naka, M., 2000. “Effects of a thickener struc-
ture on grease elastohydrodynamic lubrication films”. Proceedings of the Institution
of Mechanical Engineers, Part J: Journal of Engineering Tribology, 214(4), pp. 327–
336.

[59] Cyriac, F., Lugt, P. M., Bosman, R., Padberg, C. J., and Venner, C. H., 2016. “Effect of
thickener particle geometry and concentration on the grease EHL film thickness at
medium speeds”. Tribology Letters, 61, pp. 1–13.

[60] Couronné, I., Vergne, P., Mazuyer, D., Truong-Dinh, N., and Girodin, D., 2003. “Ef-
fects of grease composition and structure on film thickness in rolling contact”. Tri-
bology Transactions, 46(1), pp. 31–36.

[61] Cann, P. M., 1996. “Starvation and reflow in a grease-lubricated elastohydrody-
namic contact”. Tribology Transactions, 39(3), pp. 698–704.

[62] Cann, P. M., Chevalier, F., and Lubrecht, A. A., 1997. “Track depletion and replen-
ishment in a grease lubricated point contact: a quantitative analysis”. In Tribology
Series, Vol. 32. Elsevier, pp. 405–413.

[63] Mérieux, J. S., Hurley, S., Lubrecht, A. A., and Cann, P. M., 2000. “Shear-degradation
of grease and base oil availability in starved EHL lubrication”. In Tribology Series,
Vol. 38. Elsevier, pp. 581–588.

[64] Miettinen, J., Andersson, P., and Wikström, V., 2001. “Analysis of grease lubrica-
tion of a ball bearing using acoustic emission measurement”. Proceedings of the
Institution of Mechanical Engineers, Part J: Journal of Engineering Tribology, 215(6),
pp. 535–544.

[65] Scarlett, N. A., 1967. “Paper 21: use of grease in rolling bearings”. In Proceedings
of the Institution of Mechanical Engineers, Conference Proceedings, Vol. 182, SAGE
Publications Sage UK: London, England, pp. 585–624.

[66] Wilson, A. R., 1979. “The relative thickness of grease and oil films in rolling bear-
ings”. Proceedings of the Institution of Mechanical Engineers, 193(1), pp. 185–192.

[67] Lewicki, W., 1955. “Some physical aspects of lubrication in rolling bearings and
gears”. PhD thesis, University of London (Birkbeck College).

[68] Crook, A. W., 1961. “The lubrication of rollers II. Film thickness with relation to vis-
cosity and speed”. Philosophical Transactions of the Royal Society of London. Series
A, Mathematical and Physical Sciences, 254(1040), pp. 223–236.



72 BIBLIOGRAPHY

[69] Dyson, A., and Wilson, A. R., 1969. “Film thicknesses in elastohydrodynamic lubri-
cation of rollers by greases”. In Proceedings of the Institution of Mechanical En-
gineers, Conference Proceedings, Vol. 184, SAGE Publications Sage UK: London,
England, pp. 1–11.

[70] Barz, M., 1996. “Die Schmierfilmbildung in fettgeschmierten schnellaufenden
Spindellagern”. PhD thesis, Verlag nicht ermittelbar.

[71] Baly, H., Poll, G., Cann, P. M., and Lubrecht, A. A., 2006. “Correlation between model
test devices and full bearing tests under grease lubricated conditions”. In IUTAM
Symposium on Elastohydrodynamics and Micro-elastohydrodynamics: Proceed-
ings of the IUTAM Symposium held in Cardiff, UK, 1–3 September 2004, Springer,
pp. 229–240.

[72] Jablonka, K., Glovnea, R., and Bongaerts, J., 2012. “Evaluation of EHD films by elec-
trical capacitance”. Journal of Physics D: Applied Physics, 45(38), p. 385301.

[73] Jablonka, K., Glovnea, R., and Bongaerts, J., 2018. “Quantitative measurements of
film thickness in a radially loaded deep-groove ball bearing”. Tribology Interna-
tional, 119, pp. 239–249.

[74] Jablonka, K., Glovnea, R., Bongaerts, J., and Morales-Espejel, G., 2013. “The effect
of the polarity of the lubricant upon capacitance measurements of EHD contacts”.
Tribology International, 61, pp. 95–101.

[75] Jablonka, K., Glovnea, R., Bongaerts, J., and Morales-Espejel, G., 2012. “Compar-
ative measurements of EHD film thickness in ball-on-flat rig and rolling element
bearing”. In STLE 67th Annual Meeting, pp. 6–10.

[76] Dyson, A., and Wilson, A. R., 1965-66. “Film thicknesses in elastohydrodynamic lu-
brication by silicone fluids”. Proceedings of the Institution of Mechanical Engineers,
180, pp. 97–112.

[77] Zhang, X., and Glovnea, R., 2021. “Grease film thickness measurement in rolling
bearing contacts”. Proceedings of the Institution of Mechanical Engineers, Part J:
Journal of Engineering Tribology, 235(7), pp. 1430–1439.

[78] Pelofsky, A. H., 1966. “Surface tension-viscosity relation for liquids.”. Journal of
Chemical and Engineering Data, 11(3), pp. 394–397.

[79] Shetty, P., Meijer, R. J., Osara, J. A., and Lugt, P. M., 2022. “Measuring film thick-
ness in starved grease-lubricated ball bearings: An improved electrical capacitance
method”. Tribology Transactions, 65(5), pp. 869–879.

[80] Lugt, P. M., Holgerson, M., and Reinholdsson, F., 2023. “Impact of oxidation on
grease life in rolling bearings”. Tribology International, 188, p. 108785.

[81] Lugt, P. M., and Berens, F., 2022. “The grease life factor concept for ball bearings”.
Tribology International, 169, p. 107460.



BIBLIOGRAPHY 73

[82] Gafitanu, M., Silicon, D., Ianus, G., and Olaru, D., 1993. “A general model for grease
deterioration in ball bearings”. In Proceedings of the 6th international congress on
tribology. Budapest: EUROTRIB, Vol. 2, pp. 355–9.

[83] Cann, P. M., and Lubrecht, A. A., 1999. “An analysis of the mechanisms of grease
lubrication in rolling element bearings”. Lubrication Science, 11(3), pp. 227–245.

[84] Nagata, Y., Kalogiannis, K., and Glovnea, R., 2012. “Track replenishment by lat-
eral vibrations in grease-lubricated EHD contacts”. Tribology Transactions, 55(1),
pp. 91–98.

[85] Mais, J., 2002. “Spectrum analysis: The key features of analyzing spectra”. SKF USA,
Inc.

[86] Kalogiannis, K., 2013. “Behaviour of elastohydrodynamic films subjected to oscil-
latory motion”. PhD thesis, University of Sussex United Kingdom.

[87] Glovnea, R., and Zhang, X., 2018. “Elastohydrodynamic films under periodic load
variation: an experimental and theoretical approach”. Tribology Letters, 66(3),
p. 116.

[88] Zhang, X., Glovnea, R., Morales-Espejel, G. E., and Félix-Quiñonez, A., 2020. “The
effect of working parameters upon elastohydrodynamic film thickness under peri-
odic load variation”. Tribology Letters, 68, pp. 1–10.

[89] Harris, T. A., and Kotzalas, M. N., 2006. Advanced concepts of bearing technology.
CRC press.

[90] Harris, T. A., and Kotzalas, M., 2006. “Rolling bearing analysis, 5th edition”. A Wiley-
Interscience Publication. USA.

[91] Gupta, P. K., Cheng, H. S., Zhu, D., Forster, N. H., and Schrand, J. B., 1992. “Vis-
coelastic effects in mil-l-7808-type lubricant, Part I: analytical formulation”. Tribol-
ogy Transactions, 35(2), pp. 269–274.

[92] Jang, J. Y., Khonsari, M. M., and Bair, S., 2007. “On the elastohydrodynamic analysis
of shear-thinning fluids”. Proceedings of the Royal Society A: Mathematical, Physical
and Engineering Sciences, 463(2088), pp. 3271–3290.

[93] Kumar, P., and Khonsari, M. M., 2008. “EHL circular contact film thickness correc-
tion factor for shear-thinning fluids”. Journal of Tribology, 130(4).

[94] Cen, H., Lugt, P. M., and Morales-Espejel, G., 2014. “On the film thickness of grease-
lubricated contacts at low speeds”. Tribology Transactions, 57(4), pp. 668–678.

[95] Kochi, T., Sakai, M., Nogi, T., Dong, D., and Kimura, Y., 2019. “Experimental study
on the physics of thick EHL film formation with grease at low speeds”. Tribology
Letters, 67(2), p. 55.

[96] Okal, M., Kostal, D., Sperka, P., Krupka, I., and Hartl, M., 2022. “Effect of contact
conformity on grease lubrication”. Lubricants, 10(11), p. 289.



74 BIBLIOGRAPHY

[97] Lucas, R., 1918. “Über das Zeitgesetz des kapillaren Aufstiegs von Flüssigkeiten”.
Kolloid-Zeitschrift, 23(1), pp. 15–22.

[98] Chakraborty, S., 2005. “Dynamics of capillary flow of blood into a microfluidic
channel”. Lab on a Chip, 5(4), pp. 421–430.



APPENDIX A

75



Measuring Film Thickness in Starved Grease-Lubricated Ball Bearings: An
Improved Electrical Capacitance Method
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ABSTRACT
Presented in this article is a new method to measure the film thickness in a rolling bearing run-
ning under starved conditions, such as in grease-lubricated bearings, using the electrical capaci-
tance method. The method was used to study the impact of speed on film thickness. Results
show that fully flooded conditions prevail at lower speeds where the film thickness increases with
increasing speed. At higher speeds, where grease-lubricated bearings run under starved lubrication
conditions, this increase is less pronounced. At even higher speeds, the film thickness becomes
almost independent of the speed.
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Introduction

There are more than 18 billion rolling element bearings cur-
rently in use. By far, most of them are grease lubricated (1).
Bearing life is determined by fatigue life and is reduced
when lubrication is ineffective (2, 3). This reduction does
not takes place when the contacting surfaces are fully sepa-
rated, preventing metal-to-metal contact. For fully flooded
conditions the (elastohydrodynamic, EHL) film thickness
can be predicted using Hamrock and Dowson’s equations
(4, 5) or Nijenbanning’s equation (6). These fully flooded
conditions typically occur in oil-lubricated bearings. In the
case of grease lubrication, at medium and higher speeds,
starvation occurs and the films can no longer be predicted
using these equations. The existing models for starved lubri-
cation, such as those from Wedeven et al. (7), Damiens
et al. (8), Hamrock and Dowson (9), and Van Zoelen et al.
(10), all require some measure of the volume of oil in the
inlet as input, an unknown for grease-lubricated bearings.
The full problem is very complex and the development of
models can be greatly supported by having accurate film
thickness measurements.

Early studies on grease film thickness by Poon (11),
Wilson (12), and Dyson and Wilson (13) using twin-disc
machines showed that grease forms a thicker film than its
base oil at the beginning of operation but the film thickness
decreases quickly over a period of time before stabilizing.
Point contact measurements and model calculations by
Jonkisz and Krzeminski-Freda showed that the pressure dis-
tribution and the shape of a grease film can be predicted
using the base oil properties (14). Åstrom et al. (15) showed

that the film thickness inside the Hertzian contact is not
uniform and were the first to show that thickener fibers
pass through the EHL contact under fully flooded condi-
tions. This was confirmed by Cann and Spikes (16).

The studies by Booser and Wilcock (17), Baker (18), and
Wikstr€om and Jacobson (19) showed that the film thickness
in a grease-lubricated bearing is determined by the lubricant
feed and loss mechanism. They listed various replenishment
mechanisms such as grease bleed, centrifugal force–induced
flow, and capillary forces. The loss mechanisms identified
are pressure-induced side flow, centrifugal force–induced
side flow, evaporation, cage scraping, oxidation, drop loss,
and polymerization (1). These replenishment mechanisms
were studied for single point contacts and for full bearings
(20–24). Today these replenishment mechanisms are yet to
be fully understood.

In 1974, Chiu postulated that replenishment mainly
occurs in between the balls in a bearing, denoted by “out of
contact replenishment”. He developed a model based on
surface tension, which he used to predict the onset of starva-
tion (25). In Chiu’s model, it is assumed that there is suffi-
cient oil available from the ridges along the track.
Guangteng and Spikes (26) studied film thickness under
extremely starved conditions, denoted by “parched
lubrication,” and showed that, at high speeds, the film thick-
ness levels off. They built a model in which the film thick-
ness is a function of the disjoining pressure. They concluded
that replenishment in the thick-film regime is dominated by
surface tension and that the disjoining pressure inhibits the
complete collapse of the film.
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Recently, Nogi (27, 28) simulated the starved EHL point
contact to study the effect of capillary number on starved
film thickness, considering the unevenly distributed oil film
in the inlet of the contact. In their simulations, instead of
assuming the inlet meniscus as a straight line as done by
Hamrock and Downson, they used a Coyne-Elrod theory to
obtain the inlet film thickness. The inlet meniscus position
was evaluated based on the inlet oil film thickness using the
Elrod algorithm. Fischer et al. (29) derived a parameter to
determine the transition to starved lubrication from fully
flooded condition based on the capillary number and there-
fore the contact angle of the base oil. The authors found
that starvation was controlled by the capillary number, a
function of the base oil surface tension.

Single contact measurements may not properly include
possible replenishment effects caused by preceding contacts
or, in general, by the thin-film flow on all surfaces in a bear-
ing such as described by Van Zoelen et al. (30). These single
contact measurements are very useful to understand some of
the basics in grease-lubricated bearings. However, we have
now reached a point where we can only achieve further
understanding by studying the film thickness in the grease-
lubricated bearing itself. The film thickness in a full bearing
at ultra-low speeds was measured by Morales-Espejel et al.
(31). They found that the film thickness is significantly
larger than that for base oil lubrication. For moderate speed
conditions, Cen and Lugt (32) reported that the relative film
thickness follows a power law relation with the product of
viscosity, speed, and half contact width.

To measure the film thickness in rolling bearings, the
most suitable method currently available is the electrical
capacitance method. The ball–ring interface resembles a
parallel-plate capacitor where the capacitance is determined
by the lubricant film thickness that separates the ball and
the ring. The capacitance method was first used by Lewicki
(33) and then by Crook (34), Dyson and Wilson (13), and
Wilson (12). Later, the method was refined by including the
capacitance formed outside the Hertzian zone. In this article,
we call this the “outside capacitance.” Barz (35) used a cor-
rection factor to compensate for this outside capacitance.
Cen and Lugt (36) used the calibration method developed
by Wilson (12), who neglected this effect. Jabloka et al.
(37–39) calculated the outside capacitance for fully flooded
conditions for a single point contact as well as for the full
bearing. In our work, we further developed their approach
for starved contacts; that is where the contact is not fully
flooded with lubricant. In addition, in our new method we
do not need to know the dielectric constant of the lubricant.
Finally, we do not need to make use of a density–pressure
relationship.

We will first describe the new method and later employ
it to study the film thickness in a grease-lubricated deep-
groove ball bearing as a function of speed for three different
temperatures. It was found that the film thickness at low
speeds is similar to or higher than the film thickness from
using just the base oil. Beyond a certain transitional speed,
we will show that the film thickness is almost independent
of speed.

Nomenclature

n Number of balls
C Capacitance F
�0 Permittivity constant [Fm�1 ]
�oil Dielectric constant of oil
A Area of the plate ½m2�
h Distance between the parallel plate ½m�
Ci Ball–inner ring capacitance ½F�
Ci, outside Inner ring outside capacitance for single contact ½F�
Ci,Hertz Inner ring Hertz capacitance for single contact [F]
Co Ball-outer ring capacitance ½F�
Co, outside Inner ring outside capacitance for single contact ½F�
Co,Hertz Outer ring Hertz capacitance for single contact [F]
Cinner Total inner ring capacitance [F]
Couter Total outer ring capacitance [F]
Ctotal Total calculated bearing capacitance [F]
Ctotal,meas Total measured bearing capacitance [F]
Cbackground Background capacitance [F]
Cflooded Flooded area capacitance [F]
hc Central film thickness [m]
h0 Ratio of outer ring to inner ring film thickness
hgap Distance between the ball and the surface [m]
hff , i Fully flooded inner ring central film thickness [m]
hff , o Fully flooded outer ring central film thickness [m]
hg, i Inner ring grease film thickness [m]
hg, o Outer ring grease film thickness [m]
hst Starved film thickness [m]
Ai Inner ring Hertzian contact area [m2]
Ao Outer ring Hertzian contact area [m2]
Ccav Capacitance at the outlet [F]

�air Dielectric constant of air
Coutside Outside capacitance of a single contact [F]
AHertz Hertzian contact area [m2]
Rx Reduced radius in the direction of motion [m]
U Dimensionless speed parameter
G Dimensionless material parameter
W Dimensionless load parameter
�cSt Kinematic viscosity [cSt]
c Constant in Walther equation [loglogcSt/logK]
K Constant in Walther equation [loglogcSt]
T temperature [K]
g0 Base oil viscosity [Pa.s]
us Entrainment velocity ½ms�1�
E0 Reduced elastic modulus [Pa]
F Force [N]
Ry Reduced radius in y direction [m]
Rx Reduced radius in x direction [m]
m� Dimensionless inlet distance at the boundary between

fully flooded and starved condition
m Dimensionless meniscus length from the centre of

the contact
b Half contact width in x direction [m]
a Half contact width in y direction [m]
Hi, ff Dimensionless inner ring fully flooded film thickness
Ro Outer ring radius in the rolling direction [m]
Ri Inner ring radius in the rolling direction [m]
Rb Ball radius [m]
gTo

Outer ring dynamic viscosity [Pa.s]
gTi

Inner ring dynamic viscosity [Pa.s]
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Film thickness measurement using electrical
capacitance

An in-house-made bearing test rig was used for measuring
the film thickness. The electrical capacitance was measured
using Lubcheck Mk3, a device developed by Heemskerk
et al. (40); see Fig. 1. Here, the test bearing is electrically iso-
lated, the stationary outer ring is directly connected to the
Lubcheck Mk3, and the rotating inner ring is connected
through a mercury contact. The detailed description of the
test rig is given by Cen and Lugt (36). The relation between
the Lubcheck output voltage Vcap and the electrical capaci-
tance of the bearing reads

Ctotal,meas ¼ ð10� VcapÞCref =Vcap, [1]

where Cref is a Lubcheck reference capacitance.
In this article, all measurements were performed with a

standard lithium hydroxystearate–thickened grease with a
mineral oil with a viscosity of 100 and 10 cSt at 40 and
100�C, respectively.

There are two commonly used methods to evaluate the
film thickness in a bearing using the electrical capacitance
method: (1) the calibration curve, method developed by
Dyson and Wilson (13) (which was also used by Cen and
Lugt (36)) and (2) a capacitance model method developed
by Jablonka et al. (37). Here, we review both because we will
use components of each in our new method.

Method 1 by Wilson

Because the measured bearing capacitance is influenced
by the outside capacitance, as discussed previously, and
the dielectric constant of the oil is pressure dependent,
obtaining the central film thickness from measurements is
not straightforward. Wilson (12) and, subsequently, Cen
and Lugt (36) made a calibration curve for a certain load
by performing a speed sweep with base oil, during which
they measured both the capacitance and the bearing tem-
perature and then calculated the film thickness for each
speed using Hamrock and Dowson’s fully flooded film
thickness equation. This then gives a relation between
film thickness and capacitance for a specific bearing load
and speed. The Hamrock and Dowson film thickness
equation is

hc
Rx

¼ 2:69U0:67G0:53W�0:067ð1� e�0:73kdÞ, [2]

where hc is the central film thickness (also subsequently
rewritten as hff, where ff stands for fully flooded); Rx is the
reduced radius in the x direction; U, G, and W are the
dimensionless speed, material, and load parameters; and kd
is the ellipticity parameter. The temperature was measured
on the outer ring of the bearing, and for each speed the
kinematic viscosity of the oil was calculated using Walther’s
equation:

log 10 log 10ð�cSt þ BÞ ¼ K � c logT, [3]

where B is a fluid-specific constant. For oil, B¼ 0.7. The
constants c and K can be calculated from the known viscos-
ities of the oil at two different temperatures via

c ¼ log 10 log 10ð�cSt1 þ BÞ � log 10 log 10ð�cSt2 þ BÞ
log 10T2 � log 10T1

[4]

K ¼ log 10 log 10 �cSt1 þ Bð Þ þ c log 10T1: [5]

The calibration for measuring the grease film thickness is
done with oil. It is uncertain to what extent thickener will
enter the contact and influence the dielectric constant. To
compensate for this, Wilson (12) added a small quantity of
di-(2-ethylhexyl) sebacate to the mineral oil.

However, we have not used any additives to compensate
for the dielectric constant because this difference was very
low (about 10%), as well as to avoid any changes in the ori-
ginal grease properties.

The approach is simple and easy to use. However, one
cannot distinguish between the film thickness on the outer-
ring and inner ring with this method. In addition, there is
no compensation in the calibration curve for the effect
of starvation.

Method 2 by Jablonka et al.

In the above method from Wilson (12), the test rig, includ-
ing the bearing, was modeled as a single capacitor. Jablonka
et al. (37, 38) developed a more advanced electrical model of
the bearing, with the work of Barz (35) as a starting point,
including the Hertzian contact capacitance, outside capaci-
tance, and background capacitance. The outside capacitance

Figure 1. Schematic representation of the bearing with Lubcheck (46).
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is the contribution to the total capacitance of the gap
between the ball and ring outside the Hertzian contact,
denoted here by hgap. The background capacitance is the
capacitance of the rig except for the contribution of the
EHL contacts. This background capacitance is independent
of the operating conditions of the bearing and can be
regarded as constant.

For a purely axially loaded ball bearing with n balls, all
balls are equally loaded and the film thickness between the
balls and rings can be considered equal for all balls. The
electrical circuit between the inner and outer rings therefore
consists of n capacitors in parallel where each of these again
consists of two capacitors in series, formed by the ball–inner
ring contact and the ball–outer ring contact. The film thick-
ness in the Hertzian contact is assumed to be uniform and
each contact can therefore be simulated by a parallel-
plate capacitor.

For a parallel-plate capacitor, the capacitance is given by

C ¼ �0�oilA
h

, [6]

where �0 is the permittivity constant ð8:85� 10�12F=mÞ, �oil
is the dielectric constant of the dielectric material (for
example, lubricating oil), A is the area of the capacitor plate,
and h is the distance between the parallel plates.

Figure 2 shows a single contact. It is evident that the total
capacitance is not only due to the Hertzian contact region,
but also includes the capacitance due to the outside regions.

The equivalent electrical circuit for a ball bearing with a
metal cage is shown in Fig. 3. For each ball, the ball–inner
ring capacity is

Ci ¼ Ci,Hertz þ Ci, outside [7]

and the ball–outer ring capacity is

Co ¼ Co,Hertz þ Co, outside, [8]

where the subscripts Hertz and outside indicate the Hertzian
and outside capacitances, respectively. For n number of
balls, the inner ring capacity reads

Cinner ¼ nCi [9]

and the outer ring capacity is

Couter ¼ nCo: [10]

Because the inner and outer ring capacitances are in series,
the equivalent/total capacitance of the bearing is given by

Ctotal ¼ 1
1

Cinner
þ 1

Couter

þ Cbackground, [11]

where Cbackground is the capacitance of the test rig itself,
which can be assumed constant.

For a single contact they calculated the outside capaci-
tance as

Coutside ¼ Cflooded þ Ccav, [12]

where, as illustrated in Fig. 6, Cflooded and Ccav are the
flooded region capacitance and the cavitated region capaci-
tance, respectively, given by

Cflooded ¼
ð ð

Aflooded

�0�oildxdy
hc þ hgapðx, yÞ [13]

and

Figure 2. Pictorial representation of a single point contact showing the flooded and cavitated regions around the Hertzian contact. Reproduced from Jablonka
et al. (37) with permission.
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Ccav ¼
ð ð

Acav

�0dxdy
hc
�oil

þ hgapðx, yÞ 1
�air

: [14]

The integration limits Aflooded and Acav are calculated based
on the following assumptions:

(1) On the inlet side of the contact, capacitance was calcu-
lated up to the point where the separation of the sur-
face is nine times the central film thickness assuming
the fully flooded condition.

(2) To calculate the capacitance on the side of the con-
tacts, it was assumed that oil fills the gap between the
ball and the bearing ring up to the shoulder.

(3) In the cavitation region, the capacitance was calculated
up to the distance where surface separation reaches
nine times the central film thickness.

It is assumed that the central film splits into two equal
halves, neglecting the effect of decompression at the outlet
(see Fig. 2). The Hertzian capacitance–film thickness rela-
tionship, from Eq. [6], reads

CHertz ¼ �0�oilAHertz

hc
, [15]

where hc is the central film thickness and AHertz is the Hertzian
contact area. The dielectric constant �oil at normal pressure
and temperature was obtained from published values in the lit-
erature. Jablonka et al. (37) used pressure– and temperature–-
dielectric constant relationships to obtain the dielectric
constant of the oil at higher pressure and temperature. The
background capacity Cbackground, in Eq. [11], was measured
with a hybrid bearing (i.e., with ceramic balls). In their experi-
ments, they used a single steel ball and the other balls were
ceramic. They roughly estimated the film thickness using
Hamrock and Dowson’s film thickness equation to calculate
the outside capacitance and measured the background capaci-
tance. The final film thickness was then obtained by consider-
ing the inner and outer ring capacitances in series, as done in
Eq. [11]; thus,

Ctotal ¼ 1
1

n �0�oil
Ai,Hertz

hc, i
þCi, outside

� �þ 1

n �0�oil
Ao,Hertz
hc, ih0

þCo, outside

� �
þ Cbackground, [16]

where h0 ¼ hc, o
hc, i

, Ai,Hertz and Ao,Hertz are the Hertzian contact
area on the inner ring and outer ring, and Ci, outside and

Figure 3. Equivalent electrical circuit showing capacitances at the ball–ring interfaces.

Figure 4. Calculated and measured total capacitance versus film thickness for (a) inner ring and (b) outer ring film thickness. Fa ¼513 N; Li/M bled oil. Here the
dielectric constant was determined using a single speed.
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Co, outside are outside capacitances of the ball–innerring and
ball–outer ring contacts.

So far, all methods are calibrated by assuming fully flooded
conditions. However, grease-lubricated bearings usually run
under starved lubrication conditions, leading to a somewhat
lower capacitance for the same film thickness. In the method
by Jablonka et al. (37, 38), the outside capacitance is overesti-
mated if the bearings are running under starved lubrication.

The new method

The starting point of our new method is Jablonka et al.’s
(37, 38) capacitance model. However, we will determine the
dielectric constant of the oil within the set of experiments
without using any pressure– and temperature– dielectric con-
stant relationships. We also do not require a rough estimate of
film thickness otherwise required to calculate the outside cap-
acitance. In this study, we include the effect of starvation,
which is a very significant consideration in grease lubrication.

Determination of the dielectric constant

Similar to Jablonka et al. (38), we will use an electrical
model in combination with a capacitance measurement for a
fully flooded bearing lubricated with base oil. This is done
via the following procedure:

(a) Measure the background capacitance using a cer-
amic bearing.

(b) Measure the capacitance and temperature in the test
bearing using the base oil at a particular load and
speed (for example, 513 N and 400 rpm).

(c) Calculate the fully flooded inner ring film thickness
(hff , i) and outer ring film thickness (hff , o) using the
Hamrock and Dowson film thickness equation
(Eq. [2], with viscosity estimated from the measured
outer ring temperature). Then substitute these into the
capacity–film thickness equations for the outside and
the Hertzian regions (Eqs. [12]–[14]).

(d) Substitute the measured total capacitance (Ctotal) from
step (2) into Eq. [16] and rearrange to solve for the
dielectric constant �oil.

We can now verify whether the obtained dielectric con-
stant is valid for any film thickness measurement under this
specific load by making a constant load speed sweep, while
measuring the capacitance and temperature at each speed.
Figure 4 shows that there is indeed a good correlation
between measured and calculated total capacitances for both
inner and outer film thicknesses, indicating that the same
grease–oil dielectric constant can be used to obtain film
thickness (or speed) for a particular load.

The measured dielectric constant via this method was
�oil ¼ 4:06: The literature gives values for various greases
varying between 2.88 to 4.76 at atmospheric pressure (41).
Pressure increases the dielectric constant (42), so finding a
somewhat higher value is plausible.

Determination of the film thickness

Obtaining grease film thickness during starvation
Under starved lubrication conditions, the inlet of the contact
will be partially filled up to an inlet meniscus. This is illus-
trated in Fig. 5. The contribution to the capacitance in the
inlet of the contacts will therefore be given by part of the
gap filled with oil and part of the gap filled with air and oil
layer. The outside capacitance is therefore now a function of
the severity of starvation and can only be calculated if the
inlet meniscus position is known.

The equation used to calculate the film thickness hst as a
function of the meniscus position, also called ’inlet distance’,
is from Dowson and Hamrock (9) and reads

hst ¼ Hff Rx
m� 1
m� � 1

� �0:29

, [17]

where m ¼ x=b is the dimensionless inlet meniscus position
(x is the meniscus position and b is the half contact width
in the x direction); m� is the limit of the dimensionless
meniscus distance beyond which fully flooded film thickness
occurs, obtained from

m� ¼ 1þ 3:06
Rx

b

� �2

Hff

" #0:58

, [18]

and Hff ¼ hff =Rx is the dimensionless fully flooded film
thickness, calculated using Eq. [2]. The dimensionless
meniscus position m will be calculated using an iterative
approach. The central film thicknesses for the inner ring is
then obtained from Eq. [17]. The outer ring film thickness

Figure 5. A simplified starved contact condition showing meniscus position on
the track.

Figure 6. A simplified fully flooded contact condition showing oil around
the contact.
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is calculated assuming the film thickness ratio for starved
and fully flooded conditions are equal. Using this film thick-
ness and meniscus position, Ctotal is calculated. When the
contact runs starved, it is assumed that the region outside
the running track is still completely filled with oil. The inlet
side of the track behind the meniscus is also assumed to be
completely filled with oil. The gap between the ball and ring
up to the meniscus is filled with air and a layer of oil. The gap
between the ball and ring at the outlet across the track is also
filled with air and a layer of oil. As mentioned previously, it is
assumed that the central lubricant film splits into two equal
halves, neglecting the effect of decompression at the outlet.
The same dielectric constant of the oil is used for the Hertzian
region (pressurized region) and the outside region (depressur-
ized region). The iterative process to find the inlet meniscus
position for calculating the starved central film thickness is

(1) Assume m¼ 1.
(2) Calculate the inner ring starved film thickness hst, i

using Eq. [17].
(3) Assume that the ratio of outer and inner ring film

thicknesses during starvation is equal to that under
fully flooded conditions

h0 ¼ hc, o
hc, i

¼ RoðRi þ RbÞ
RiðRo � RbÞ

� �0:476 gTo

gTi

� �0:67

[19]

and calculate the outer ring film thickness hst, o:
(4) Using the dimensionless meniscus position and the

film thicknesses, calculate the Ctotal.
(5) Compare the measured and calculated Ctotal.

If the difference is not sufficiently small (e.g., less than 1%
difference), check whether the contact is starved or fully
flooded by comparing m and m�: When m � m� the contact
is fully flooded; otherwise, it is starved. For starved condi-
tions, repeat the process by slightly increasing the meniscus
position. For fully flooded conditions, follow the steps
described in the next section.

Stop the iteration when the difference is sufficiently small.

Measuring fully flooded grease film thickness

In grease lubrication, the film thickness could be greater than
the fully flooded base oil film thickness. This is caused by a
higher viscosity of the grease than its base oil, generally observed
at low shear rates, hence at very low bearing speeds. In this
case, the area around the contact excluding the outlet region is
considered to be filled with oil. At the outlet region the space
between the ball and ring across the track is considered entirely
filled with a layer of oil and air. This is depicted in Fig. 6. Now,
the total capacitance is only a function of central film thickness.
Here, we vary Hff in Eq. [17] until the calculated total capaci-
tance (Ctotal) matches the measured capacitance. The iterative
process to find the fully flooded film thickness is

(1) Increase the Hff , i in Eq. [17].
(2) Use Eq. [19] to calculate the outer ring film thick-

ness hff , o:

(3) Use these film thicknesses to calculate the total capaci-
tance Ctotal.

(4) Compare the measured and calculated Ctotal. If the dif-
ference is sufficiently small (less than 1% difference),
the film thickness is correct. If not, slightly increase
Hff , i and repeat the process.

The flow chart of the newly proposed film thickness
measurement procedure is shown in Fig. 7.

To demonstrate the effect of starvation on the film thick-
ness estimation, a worst case (severe starvation) example calcu-
lation is performed. For this, a 6209 deep-groove ball bearing
with 513 N axial load and Li/M bled oil was selected. For a set
of assumed capacitances, the film thicknesses were calculated
using Wilson’s method. Next, using the new method, the film
thicknesses were calculated for the same assumed capacitances
considering inlet of the contact as severely starved. Here, we
considered that the gap between the ball and track in the inlet
side is filled with air and a layer of oil while calculating the
total capacitance Ctotal. Figure 8 shows a significant increase in
the predicted/estimated film thicknesses if the starvation effect
is excluded. The percentage deviation of the calculated film
thicknesses without considering starvation was up to 20% in
this particular case.

Figure 7. Flowchart of the newly proposed procedure for determining film
thickness in grease lubricated roller bearings.
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Measurement results

Grease film thickness was measured on 6209-2RZ bearing
using Li/M grease with 30% of the free volume filling. The
bearing was run for 100h to allow completion of the churn-
ing phase. Without replacing the grease, all of the following
film thickness measurements were made. The speed was var-
ied from 600 to 4,000 rpm. At every speed, film thickness
was measured at three different temperatures. A heat gun
and a fan were used to control the temperature. At every
speed, the temperature and film thickness were allowed to
reach a stable value, and average temperature and film
thickness were considered for analysis. The measurements
were repeated three times to ensure repeatability.

Figure 9 shows that the film thickness is low during the
churning phase due to the high temperatures caused by drag
and viscous forces leading to high friction and therefore
heat generation. After the churning phase, the film thickness
becomes steady. This steady phase is the region of interest.
The operating conditions are very mild where no significant

grease degradation will take place. Moreover, the films are
much larger than the surface roughness and the loads are
low, causing no bearing damage. Hence, we can use the
same bearing for all of our measurements without re-filling
the bearing with fresh grease for every measurement.

Figure 8. Difference in calculated film thickness from Wilson’s method and the new method. Note that this is for an extremely starved condition. (a) Inner ring and
(b) outer ring.

Figure 9. Example of three film thickness and temperature measurements
showing that the film thickness is stable after about 60 h. After each measure-
ment the grease was replaced with fresh grease. 6209-2RZ bearing running
under self-induced temperature conditions with Li/M grease; load ¼ 513 N,
speed ¼ 4,000 rpm.

Figure 10. Comparison of film thickness between fresh grease (Trial 0)—in
which each measurement uses fresh grease—to without fresh grease (Trials 1,
2, and3)—in which the same grease is re-used throughout. 6209-2RZ bearing
with Li/M grease; load ¼ 513 N.

Figure 11. Film thickness versus speed for three different temperatures. 6209-
2RZ bearing with Li/M grease; load ¼ 513 N.
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To check whether using the same bearing that has com-
pleted the churning phase without freshly re-filling for each
subsequent measurement influences the results, a series of
measurements was made with freshly filled grease at each
speed. After each fresh filling, the bearing ran for 20h, and
film thickness was averaged over the last hour. The tempera-
ture was maintained at 70�C for every measurement. It can
be seen from Fig. 10 that the film thicknesses of the freshly
filled grease (Trial 0) and those without fresh grease (Trials
1, 2, and 3) are very similar, with the freshly filled grease
having slightly lower film thickness than those without
freshly filled grease. This is because each fresh grease meas-
urement was taken after only 20h of running; it is evident
from Fig. 9 that at 20h duration, film building may
be incomplete.

Figure 11 plots the film thickness versus speed for three
temperatures. For each temperature, the film thickness
increases up to a certain speed, after which it becomes
almost constant. At low speeds, the curves typically follow
fully flooded behavior: they increase linearly with the speed
on a log-log scale (refer to Fig. 12). At higher speeds, when
the oil supply and/or replenishment is limited to the contact,
the slope decreases up to a certain speed, a result of starved
lubrication after which it becomes almost zero. This behav-
ior is similar to what was found earlier in single contact
measurements, such as those from Guangteng et al. (43) and
Cann et al. (20). They also found that the film thickness

became constant with increasing speed at some point.
However, in these single contact film thickness measure-
ments, this happened under severe starvation. We see here
that this phenomenon already occurs when the film thick-
ness is about 30% of the fully flooded values. A possible
explanation for the deviation from the single contact meas-
urements could be due to differences in lubricant supply
and loss mechanisms to the contacts. Some of these are the
differences in grease reservoir adjacent to the tracks, oscula-
tion, and the fact that the contacts are elliptical in real ball
bearings as opposed to the circular contacts in the single
contact setups.

The film thickness becoming independent of speed was
previously observed by De Laurentis et al. (44), Barz (35),
and Cen and Lugt (36). This effect was already predicted by
Van Zoelen et al. (10) in their starved EHL model without
replenishment. They showed that side flow out from the
Hertzian contacts is governed by the time the lubricant
spends in the contact (residence time) and the frequency of
overrolling. These effects cancel each other out and the net
result is that the film thickness is independent of speed. Van
Zoelen’s model applies to severely starved conditions and
also results in a continuously decreasing film in time, none
of which occurs here. Hence, the model cannot be applied
to predict the film thickness in a grease-lubricated bearing.
In our study, we see a supply of lubricant towards the con-
tacts that is enough to maintain a film. This supply is inde-
pendent of the space between balls and must therefore be a
local replenishment effect (36).

Figure 13 shows the relative film thickness hg=hff versus
speed at the three test temperatures. When hg=hff � 1, fully
flooded conditions persist; when hg=hff < 1, lubrication is
starved. Figure 13a shows the results at 61�C. At speeds
lower than 1,000 rpm, relative film thickness is greater than
one. After 1,000 rpm, the relative film thickness is less than
one, indicating starved lubrication. For 70 and 80�C meas-
urements, a similar behavior is observed but with different
transition speeds for each temperature. The transition from
fully flooded condition to starved condition takes place at
about 1,500 rpm for 70�C and at 2,500 rpm for 80�C. This
indicates that the transition from fully flooded condition to
starved condition depends on the viscosity of the base oil as
well (given that viscosity is a function of temperature).

A further analysis of the film thickness was carried out as
shown in Fig. 12, which shows that the slope of the film

Figure 12. Film thickness versus speed on a log-log scale; 6209-2RZ bearing
with Li/M grease; load ¼ 513 N.

Figure 13. Relative film thickness versus speed at (a) 61�C, (b) 70�C, and (c) 80�C. 6209-2RZ bearing with Li/M grease; load ¼ 513 N.
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thickness versus speed on log-log plot is 0.67 at lower speeds
for all three tested temperatures. From this we can conclude
that we can safely use the fully flooded oil film thickness
equations to estimate the grease film thickness in bearings
using the base oil properties at lower speeds. It should be
noted that the real film thickness could be slightly higher
than the calculated value. As mentioned above, the film
thickness at very low speed is larger than the fully flooded
base oil film thickness because of the higher grease viscosity
at very low shear rates (and therefore very low speeds in a
bearing). The viscosity approaches the base oil viscosity at
high shear rates (so higher bearing speeds) (31), so here the
film thickness is quite similar to values predicted using the
base oil viscosity. In addition to this shear thinning effect,
the film thickness could be larger due to thickener particle
entrainment in the contact (45). Single contact measure-
ments on ball-on-disc rigs using optical interferometry have
shown that lumps of thickener enter the contact at very low
speeds (15). This gives a nonuniform film thickness, varying
in time. The electrical capacitance is inversely proportional
to the thickness of the film, which implies that even small
local thin areas of the film have a large impact on the meas-
ured film thickness. These “perturbations” will therefore
cause much “spread” in the measured film thickness. The
combination of film nonuniformity and the non-Newtonian
grease rheology leads to very thick films with fluctuating
minimum thickness at very low speed, thereby leading to a
spread in measured values.

A major difference between our measurements (with
pure axial load—hence, all balls are equally loaded, giving
equal contact widths) and the measurements that use optical
interferometry is that the latter are performed in contacts
where one of the surfaces is flat. This means that there is a
very large osculation and that grease can flow freely side-
ways. In bearings the osculation is small and grease is
trapped in between seals/shields and the track. The contacts
in real bearings are therefore not getting starved as easily as
in these “model configurations.” It takes much longer before
starvation occurs. We expect therefore that starvation will
start to occur at higher speeds and that the replenishment
rates will be different, leading to a different film thickness–
speed relation. Note that the basic physics is similar; only
the ratio of side flow to replenishment is expected to be dif-
ferent between single contact measurements and actual bear-
ing measurements. This leads to similar film thickness
versus speed curves, but with different coefficients.

Conclusions

An improved film thickness measurement method, based on
an electric capacitance model, including the effect of starva-
tion, has been developed. Under an extremely starved condi-
tion, film thickness estimation/prediction could be about
20% higher when starvation effects are excluded. The newly
developed method has been used to measure the film thick-
ness in grease-lubricated deep-groove ball bearings as a
function of speed at three different temperatures. It is shown
that at lower speeds the grease film thickness increases with

speed, similar to the base oil film thickness. After a critical
speed, the grease film thickness becomes almost independent
of speed.
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Effect of Grease Filling on the Film Thickness in Deep-Groove Ball Bearings
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ABSTRACT 
Determining the film thickness during the bleeding phase of grease lubrication in a bearing is dif-
ficult due to the various replenishment and loss mechanisms involved. An additional factor that 
could influence the film thickness is the amount of grease in the bearing. In this study, film thick-
ness is measured in deep-groove ball bearings using two different greases, each with initial grease 
filling percentages of 7.5%, 15%, and 30% of the bearing’s free volume. Film thickness is measured 
during the early stage of the bleeding phase at various loads and speeds using the electrical cap-
acitance method. Results show that, after churning, values of temperature and film thickness are 
similar for the three different filling quantities. This indicates that bulk grease flow or oil bleed 
from the reservoirs formed in the unswept region does not impact the lubricant film thickness in 
the early stage of bearing operation.
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Introduction

Grease is a colloid consisting of base oil, thickener, and 
additives (1). Grease is one of the most preferred lubricants 
in a bearing because of its excellent sealing properties and 
long-term lubrication (most deep- groove ball bearings are 
lubricated for life). When a bearing is filled with grease, the 
grease is located on the track, between the ball and cage, 
distributed unevenly in the bearing. Once the bearing starts 
to run, the grease starts to redistribute in the bearing in a 
process known as churning. At the end of the churning 
phase, most of the grease will settle on the shield and cage 
while the rest of the worked grease stays on the raceway 
track (2).

Chatra and Lugt (2) studied grease churning and showed 
that this phase consists of two subphases, namely, channel-
ing and clearing. They described channeling as “a process 
where grease is moved from the area between the balls to 
the unswept area.” They studied the grease left on the track 
during the churning process in SKF 6204 bearings and 
found that, within 10 min of running the bearing, only 35% 
of the original grease was left in the swept area of the bear-
ing; the rest of the grease either leaked out or was located 
on the bearing shoulders/shields. During the clearing phase, 
another 5% to 10% is moved to the unswept volume, finally 
leaving only 20% to 25% of the total initial grease quantity 
in the swept area.

After churning, grease lubrication is believed to operate 
in the starved lubrication regime; that is, the film thickness 

depends on the thickness of oil layers in the inlet region of 
the contacts (3–5). It has been suggested that reservoirs 
formed during the churning phase subsequently bleed the 
oil and help to replenish the contacts. Along with the bled 
oil, a small quantity of worked grease could also lubricate 
the contact (6). Predicting grease film thickness during this 
stage—called the bleeding phase—wherein the bearing oper-
ates for most of its service life, is crucial to avoid metal- 
to-metal contact. Estimating the grease film thickness is 
difficult because of the complex time-dependent grease rhe-
ology, starvation, and multiple replenishment mechanisms 
during grease bleeding (1).

There are three different grease lubrication mechanisms, 
the dominant one of which depends on the bearing geom-
etry, grease properties, and operating conditions (7):

a. Film formation is due to both thickener and base oil, 
including the bulk movement of grease (6,8).

b. Grease reservoirs formed during churning releases the 
base oil in a controlled manner (9).

c. Film formation is due to heavily worked grease, whereas 
the rest of the grease simply seals the bearing (10).

In addition to these mechanisms, there have been discus-
sions on how the lubricant is driven toward the contact 
(11–15). Cann et al. distinguished grease lubrication mecha-
nisms as in-contact replenishment (due to capillary action) 
and out-of-contact replenishment (due to replenishment 
between successive overrolling) (13). Of these two 
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mechanisms, there is a clear consensus that out-of-contact 
replenishment within the bearing is too slow and not rele-
vant (13, 16, 17). Hence, in-contact replenishment, facili-
tated by surface tension, is considered to be the mechanism 
that drives the lubricant toward the tribological contacts in 
rolling bearings. Understanding which mechanism governs 
film replenishment under which conditions remains to be 
studied.

Film thickness measurements at extremely low speeds 
studied by Morales-Espejel et al. (18), Cen et al. (19), and 
Concalves et al. (20) showed that the grease film is thicker 
than the “base oil–only film” at low speeds. In the current 
study, we are interested in the medium-speed range where 
starved lubrication conditions may be prevalent. Cann et al. 
studied used bearings from R2F and R0F test rigs and 
observed that both bearings had the same grease distribution 
pattern but the supply of lubricant was dependent on the 
bearing geometry and operating conditions (21,22). Both 
tests showed that only a small quantity of heavily worked 
grease was found on the track or on the cage, whereas most 
of the remaining grease was on the seals.

Cann et al. grouped the elements determining the grease 
lubrication mechanisms in bearings into three categories. (1) 
Lubrication parameters: grease rheology, base oil and thick-
ener properties, oxidation, thermal stability, etc.; (2) 
Operational conditions: speed, load, temperature, and vibra-
tions; and (3) bearing parameters: cage design, size, surface 
finish, and material of the bearings.

Most bearings are initially filled with grease up to 30% to 
50% of the free volume (23,24). For high-speed applications, 
bearings are filled with grease up to about 20% of the free 
volume (1,25). Past studies have shown that overfilling is 
adverse to bearing operation due to the higher levels of dis-
sipative viscous drag forces overheating the bearings (24). 
Overfilling could result in faster thermo-mechanical grease 
degradation.

Grease life studies have shown that inadequate initial 
quantity of grease in a bearing results in shorter grease life 
(1). Chatra and Lugt showed that churning duration will 
vary in a population of bearings running under the same 
conditions with the same (amount of) grease, which they 
ascribed to small differences in the initial grease positioning 
during filling (2). Ward et al. found that a low initial grease 
volume resulted in film thickness similar to the base oil film 
thickness, whereas a high initial volume led to a longer run- 
in with thicker films (26).

The question that then arises is: Does grease filling—the 
initial quantity of grease—in the bearing play a role in film 
formation during the bleed phase? If lubrication mechanism 
(a) is true—that is, both the thickener and bled oil lubricate 
the contact by the bulk movement of grease—then the film 
thickness would indeed depend on the quantity of grease 
filled. The filling quantity would also influence mechanism 
(b) because the total oil released via bleeding from a small 
quantity of grease would be low. Mechanism (c), however, 
will not be affected by the grease filling quantity. In this art-
icle, the impact of grease filling quantity is systematically 
studied using two different commonly used grease types.

Materials and methods

Grease

Two lithium-thickened greases were selected for this study: 
one with base oil viscosity of 100 cSt at 40�C and a consist-
ency of NLGI grade 2.5, henceforth called “LiM-100-2.5” 
grease, and the other grease with a base oil viscosity of 
474.5 cSt at 40�C with consistency of NLGI grade 1.5, 
henceforth called “LiM-460-1.5” grease. Both greases have 
the same thickener weight percentage of 13%. Details of the 
grease properties are given in Table 1.

Measuring film thickness in deep-grove ball bearings

The film thickness in a deep-groove ball bearing was meas-
ured by using an electrical capacitance method in an in- 
house-built bearing test rig. The detailed construction and 
working principle of the test rig were explained by Cen and 
Lugt (17). The measured capacitance is converted to film 
thickness using a new method described in our previous 
paper (27), which includes the effects of starvation on the 
measured capacitance. In this study, the same method is 
used but with a faster algorithm for the iteration loop. In 
our previous paper, we described a linear iteration algorithm 
to obtain the appropriate meniscus position. Here, we use 
the secant method to speed up the iteration instead of the 
ordinary linear iteration.

SKF 6209 bearings with C3 clearance were chosen for 
this study. 30%, 15%, and 7.5% of the free volumes of the 
bearings were filled with grease. The filling percentage is 
indicated with a prefix in the corresponding grease designa-
tion. These bearings were run for about 80 to 100 h until 
grease churning was finished. The bearings ran under self- 
induced temperature during the churning phase, with the 
temperature profile used to identify when the churning 
phase ended. After the churning phase, the temperature of 
the bearing was controlled to 61� C, using an electric heat 
gun and a fan. Here, the bearing temperature was measured 
on the outer ring of the bearings (away from the heat gun 
and fan). Next, the film thickness was measured for 10 min 
and the average value was taken for further analysis. The 
film thickness was measured from 400 to 4,000 rpm with 
513, 700, and 900 N loads. These loads resulted in contact 
pressures of 1.03, 1.15, and 1.25 GPa, respectively, on the 
inner ring ball contact. All measurements were repeated 
thrice and the results are presented as averages and standard 
deviations.

Table 1. Properties of greases used in this study.

Property LiM-100-2.5 LiM-460-1.5

Kinematic viscosity @ 40
�

C (cSt) 102.8 474.5
Kinematic viscosity @ 100

�

C (cSt) 10.31 31.4
Density @ 15

�

C (g/cm3) 0.891 0.902
Pressure–viscosity coefficient @ 40

�

C (GPa–1) 31.8 27.4
Thickener content (% mass) 13 13
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Results and discussion

Churning

Figure 1 shows the self-induced temperature and film thick-
ness during the churning phase of LiM-100-2.5 grease. The 
temperature induced in a bearing is due to frictional heat 
generation in the bearing. The sources of friction in the 
bearing include (a) rolling friction, (b) sliding friction, (c) 
seal friction, and (d) friction due to viscous drag, churning, 
and splashing (28). In this study, noncontacting seals were 
used, so seal friction can be neglected.

The temperature during churning is high due to high vis-
cous dissipation and heat generation (29,30). During the 
bleeding phase, the friction torque is the result of rolling 
and sliding friction only, leading to a lower, steady-state 
temperature. Except for the initial channeling subphase of 
churning, the instantaneous film thickness profile appears to 
mirror the temperature profile. This is due to a decrease in 
both grease and base oil viscosities at high temperatures, 
yielding low film thickness, and vice versa (low temperature 
yields high viscosity and film thickness). The initial instant-
aneous normalized film thickness (first 20–30 min) is very 
high (typically more than 1.8) during the channeling sub-
phase of churning even though the temperature is high, 
which is ascribed to thickener entrapment in the contacts. 
During the subsequent clearing subphase wherein the grease 
is pushed to the sides to form reservoirs, the temperature of 
the bearing is still high but the film thickness is low because 
of lower base oil viscosity. After churning, the temperature 
drops to a relatively steady value, leading to a corresponding 
increase in film thickness. The percentage of grease filling 
(i.e. the initial quantity of grease) has a clear impact on the 
churning behavior. It can be seen that 30% filling yielded 
the highest peak temperature of 95� C, whereas 15% and 
7.5% fillings resulted in 73�C and 67�C peak temperatures, 
respectively. As expected, a higher filling results in higher 
viscous drag forces. In addition, the duration of the churn-
ing phase seems to be affected by the level of filling. Note 
that the final steady temperature for all filling percentages is 
the same. This means that rolling and sliding friction are 
identical (rolling friction is given by viscosity and level of 
starvation) and that the levels of starvation are the same at 
the end of churning for all of these cases. This is reflected 

in the bleeding phase film thickness, which is indeed also 
practically the same for all three different fillings.

Figure 2 shows the churning behavior of LiM-460-1.5 
grease with a very high-viscosity base oil (viscosity of 474.5 
cSt) and low consistency (NLGI grade 1.5). This figure 
shows that the channeling phase is somewhat longer and 
has a peak temperature that is higher than that of LiM-100- 
2.5 grease (with base oil viscosity of 100 cSt and consistency 
of NLGI grade 2.5). Note that both greases have the same 
thickener concentration but different base oil viscosities. The 
high base oil viscosity of the LiM-460-1.5 grease could 
induce high viscous drag forces during churning. The low 
consistency of LiM-460-1.5 could cause it to fall back more 
easily onto the track, leading to more viscous heat gener-
ation. After churning—that is, during the bleeding phase— 
the temperature of LiM-460-1.5 grease is higher than that of 
LiM-100-2.5 grease. This indicates that the base oil viscosity 
primarily determines the bleeding phase temperature and 
film thickness. After churning, only a small quantity of 
worked grease is left on the track. Subsequently, we show 
that, under all of the different operating conditions, the film 
thicknesses in all three different fillings are the same for 
both greases tested.

Figure 3 shows the grease left on the seals after the 
churning phase. It is observed that the bearing with 7.5% 
filling left a small amount of grease on the seal, whereas 
15% and 30% fillings deposited considerable amounts. 
During the churning phase, most of the grease is expelled 
from the swept area and deposited on the empty unswept 
region including the seals. Hence, a smaller grease layer is 
anticipated on the seals with lower fillings as these experi-
ments verify. Table 2 shows the amount of grease left on 
the bearing seals after churning. It is evident that the higher 
the grease filling, the higher the grease layer deposited on 
the seals for both greases tested. Though the quantity of 
grease left on the seals after churning is as predicted, its 
effect on film thickness might be different depending on the 
prevalent replenishment mechanism(s). It is generally 
believed that, from these stationary positions, grease will 
release the oil by bleeding, similar to a sponge releasing 
water. If the quantity of grease in these stationary positions 
is small, the contacts will receive a low oil supply and, 
hence, have a low film thickness.

Figure 1. Instantaneous temperature and film thickness during grease churning 
in 6209 bearing with LiM-100-2.5 grease, 30%, 15%, and 7.5% initial filling, load 
¼ 513 N, speed ¼ 4,000 rpm.

Figure 2. Instantaneous temperature and film thickness during grease churning 
in 6209 bearing with LiM-460-1.5 grease, 30%, 15%, and 7.5% initial filling, load 
¼ 513 N, speed ¼ 4,000 rpm. (a) LiM-100-2.5 with (a) 7.5%, b) 15%, and 30% fil-
lings, (b) LiM-460-1.5 with (a) 7.5%, (b) 15%, and 30% fillings.
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Table 3 shows the mass of grease left inside the bearings 
after the tests, including the grease located on the bearing 
shoulders, raceways, cage bars, and cage pockets. This is 
measured by removing the seals from the bearings and 
measuring the bearing weight with grease, which is then 
subtracted from the bearing weight without grease. Chatra 
and Lugt found that, after churning in 6204 bearings (filled 
with grease up to 30% of the bearing’s free volume), about 
20% to 25% of the initial filling is left in the bearings (2). 
Similarly, the 30%-filled LiM-100-2.5 and 30%-filled LiM- 
460-1.5 greases left 22.8% and 37.8% of the initial grease 
amount in the bearings, respectively. With the measured 
mass of grease left in the bearings, we can calculate the per-
centage of the free volume occupied by grease; that is, the 
percentage of grease in the bearing relative to the free vol-
ume of the bearing. We notice that for all of the fillings, 
only 4.99% to 11.71% of the free space in the bearing is 
occupied by grease at the end of the test.

In the next section, we will discuss these effects on film 
thickness. We will attempt to determine whether there is 
indeed a bulk flow of lubricants from the unswept region to 
the swept region.

Film thickness

In our previous paper (27), we showed that film thickness is 
almost independent of speed during the bleeding phase of 
the grease. In this article, we present film thicknesses meas-
ured during the bleeding phase for different initial grease 
filling percentages. Here, the measurements are taken at a 
constant temperature of 61� C. This temperature selection is 
arbitrary. After the churning phase of grease lubrication, the 
film thickness depends only on the operating conditions; 
that is, load, speed, and temperature. During the speed 
sweep, in the first few minutes after changing the speed, the 
film thickness is transient. Subsequently, after a few more 
minutes, the film thickness becomes steady at that speed 
and load, varying with temperature only (which here is also 
held constant). The instantaneous film thickness is then 
recorded for 10 min in the steady region and averaged to 
give one discrete data point for further analysis. A sample 
film thickness measurement is shown in Figure 7.

Figure 3. Tested bearing seals with different amounts of initial grease. (a) 513 N, (b) 700 N, (c) 900 N.

Table 2. Mass of grease left on the seals, measured after the experiments.

Mass of grease on the seals (g)

S/N Filling % LiM-100-2.5 LiM-460-1.5
1 7.5 0.24 0.28
2 15 1.46 1.36
3 30 2.35 1.96
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It is evident in Fig. 4 that for the three different fillings 
of LiM-100-2.5 grease, film thickness remains the same at 
low and high speeds. It can also be seen that film thickness 
becomes almost constant at higher speeds for all three fil-
lings. This accords with our previous observation (27). The 
film thickness in a severely starved contact is governed by 
the side flow of the lubricant from the contact. This side 
flow is determined by the residence time and frequency of 
over-rolling. As the speed increases, these two mechanisms 
balance out making film thickness almost independent of 
speed (14,27,31,32).

We repeated the measurements at three different loads to 
check whether the film thickness would change. Under fully 
flooded conditions, film thickness weakly depends on the 
load by an exponent of only −0.067 for point contacts (5). 
Cen and Lugt showed that the normalized film thickness 
during the bleeding phase of grease lubrication is related to 
the contact width (contact width changes with load) (14). 
This indicates that the relationship between film thickness 
and load under starved conditions is different from that 
during fully flooded conditions. In this study, we investigate 
whether this relationship is impacted by different initial 
grease fillings. Figure 4 shows the three different loading 
conditions. The contact widths for these three conditions 
are 1.154 mm, 1.281 mm, and 1.392 mm for the inner ring- 
ball contact across the running direction.

Cann et al. (13) studied the effect of starvation on lubri-
cant film thickness using a ball-on-disc machine. They 
showed that the normalized film thickness can be related to 
the product: viscosity (g) � speed (u)� load 1=3 � lubrica-
tion level–1 � surface tension–1, or viscosity� -
speed� contact width (b) � lubrication level–1 � surface 
tension–1. On a deep groove ball bearing, Cen and Lugt (17) 
showed that in grease-lubricated bearings, with greases hav-
ing very different bleeding rates, base oil viscosities and 
thickener types, the level of starvation was determined by 
base oil viscosity� contact width� speed—gbu—indicating 
that bleeding did not play a major role during this phase of 
the lubrication. Recently Lugt et al. (33) found that grease 
does not bleed before oxidation starts, and oxidation starts 
only after all the anti-oxidants are consumed from the 
grease. It was observed in their experiments that until 500 h, 
grease did not bleed. Their experiments were conducted at 
higher temperatures (110� C). It can therefore be expected 
that in our tests bleed will not take place for even much lon-
ger times. Figures 4 and 5 show that the filling does not 
change the film thickness in any of the loading conditions. 
These results indicate that immediately after the churning 
phase, the level of lubricant remaining on the track does not 
depend on the initial filling quantity. The excess grease will 

Table 3. Mass and volume percentage of grease left in the bearings, measured after the experiments.

Mass of grease in the bearings (g) Volume percentage of grease in the bearings (%)

S/N Filling % LiM-100-2.5 (g) LiM-460-1.5 (g) LiM-100-2.5 (%) LiM-460-1.5 (%)

1 7.5 1.31 1.01 6.48 4.99
2 15 1.21 1.04 5.98 5.14
3 30 1.37 2.27 6.77 11.71

The volume percentage is the fraction of the bearing’s free volume occupied by the grease.

Figure 4. LiM-100-2.5 grease film thickness as a function of speed and initial 
filling quantity. (a) 513 N, (b) 700 N, (c) 900 N.

66 P. SHETTY ET AL.

92 APPENDIX B



be cleared from the track during churning. The reservoirs 
formed near the contact also do not play a role in lubricat-
ing the contact. If the reservoirs were contributing to the 
replenishment via either increased bleed or assisting the 
cage scraping/lubricant reflow between overrollings, an 
increase in film thickness would have been observed.

Replenishment

A classical explanation of grease lubrication says that during 
the churning phase, grease is moved to the side of the roll-
ing elements, where it remains due to its stiffness and from 
where it bleeds the oil behind the contact and replenishes 
the next rolling element (11,34). Studies by Baly et al. (35), 
Gershuni et al. (16), and Cen et al. (14) showed that this is 
indeed not the relevant replenishment mechanism. Cann 
et al. (13) and Jacod et al. (36) suggested that replenishment 
is a local phenomenon caused by the interaction between 
the oil and the contact itself. The different filling results in 
this study show the same. Both tested greases under all three 
different loads and at various speeds showed that film thick-
ness does not change with different fillings. If replenishment 
was not local, the higher filling would have resulted in 
higher film thickness. The churning results (refer to Figs. 1
and 2) show that the level of lubricant remaining on the 
track is the same for all fillings for both greases. Because the 
level of lubricant on the track is the same and replenishment 
is due to interaction between the oil and the contact, a 
change in the filling will not alter the film thickness.

As mentioned above, the replenishment rate of a lubri-
cant depends on the viscosity of the base oil, irrespective of 
the replenishment mechanism; that is, in-contact replenish-
ment or out-of-contact replenishment (14). Point contact 
results and deep- groove ball bearing film thickness results 
from Cann et al. and Cen et al. have shown that the higher 
the viscosity, the higher the starvation level. Figure 5 shows 
that LiM-460-1.5 grease with a high-viscosity base oil also 
shows similar behavior as LiM-100-2.5 grease. It was origin-
ally speculated that low-consistency greases might have 
lumps that continue to fall back onto the track, so film 
thickness might also depend on the filling quantity. 
However, to our surprise, experimental results show that 
this is not the case. Figure 5 shows that for all three loading 
conditions and speeds, 7.5%, 15%, and 30% grease fillings 
give the same film thickness. From this result, we rule out 
the bulk reflow of grease lumps onto the track as the pre-
dominant replenishment mechanism.

In the case of oil lubrication, if the inlet of the contact is 
filled with abundant lubricant—that is, under fully flooded 
conditions—the film thickness developed will not change 
with a further increase in oil level (3). It can be argued that 
if the quantity of worked grease left on the track is high 
enough even with 7.5% and 15% fillings, then the film thick-
ness would be independent of fillings. To check whether this 
is the case, the relative film thickness was calculated. 
Relative film thickness is the ratio of measured grease film 
thickness to the film thickness calculated using base oil 
properties. We use Hamrock and Dowson’s equations to cal-
culate the base oil film thickness using the bearing’s outer 
ring temperature. If this ratio is greater than or equal to 1, 
the contacts are fully flooded. If the ratio is less than 1, the 
contacts are starved. Figure 6 shows that both greases were 
under starved lubrication at higher gbu values, indicating 
that even during starved conditions, the film thickness is 
independent of grease filling in deep-groove ball bearings at 
moderate speeds.

Figure 5. LiM-460-1.5 grease film thickness as a function of speed and initial 
filling quantity. (a) 30%, 15% and 7.5% filling of LiM-100-2.5, (b) 30%, 15% and 
7.5% filling of LiM-460-1.5.
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These results only show the lubrication mechanism in the 
deep-groove ball bearings in the early operating hours. One 
should not conclude that lower grease filling is indeed bet-
ter. It was shown earlier that grease life is proportional to 
the volume of grease filled (36–38). Hence, lower or inad-
equate grease filling would result in shorter grease life.

Conclusion

� Bearings filled with different initial quantities of grease 
showed different temperature and film thickness profiles 
only during the churning phase.

� After the churning phase, the self-induced temperature 
was the same in all three cases (30%, 15%, and 7.5% fill-
ing). This indicates that the oil level left on the track is 
the same irrespective of the filling.

� The film thickness at different speeds and loads was the 
same for the various fillings.

� Similar results were obtained for both greases tested, 
indicating that the results are applicable for greases with 
various base oil viscosities and consistencies.

� Bulk reflow of grease lumps or by the bleeding of base 
oil from the reservoirs formed on the shoulder and seals 
is not significant during the early stages of bearing oper-
ation. Only the oil left on the track after churning 
appears to lubricate the contacts.

� The thickness of the layers of oil on the tracks is inde-
pendent of the filling.

� We showed here that the early film thickness is inde-
pendent of filling. This means that clearing (the last 
phase in the churning process) leaves oil layers with 
thicknesses determined solely by the dynamics of oil flow 
in and around the contact (side flow and replenishment) 
and not by bleed from the grease reservoirs.
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A B S T R A C T

Understanding the relevance and significance of the various replenishment mechanisms in grease-lubricated
bearings is very important in choosing the appropriate lubrication strategy. This study shows that the lubricant
film thickness in the ball-ring contacts of a deep groove ball bearing may increase by 10%–25% due to
vibrations. The possible mechanisms behind this film thickness increase are discussed. Of the proposed contact
replenishment mechanisms, the micro-lateral motion of the contact edge across the tracks caused by in-
operation vibrations appears crucial. Results show that in the starved contacts, vibration plays a vital role
in determining the film thickness.

1. Introduction

Rolling bearings reduce friction and wear in rotating machinery
via the lubricant film developed at the bearing contacts. Estimating
the film thickness during the bleeding phase of a grease-lubricated
bearing is critical for smooth, reliable operation since most bearings
primarily run in this phase during their life cycle. Various lubricant
loss and replenishment mechanisms impact the film thickness during
the bleeding phase. Studies by Cann et al. [1–4], Cen and Lugt [5],
and Gershuni et al. [6] showed that the oil replenishment is primarily
local, i.e., only around the contact. The force driving the oil toward
the contact could be due to capillary action, though this needs further
verification.

Cen and Lugt [5] and Shetty et al. [7,8] studied the film thickness
behavior in different ball bearings with different speeds, loads, greases,
filling quantities, and temperatures. They showed that the relative film
thickness—the ratio of measured film thickness to the estimated fully-
flooded film thickness—correlates well with the product of viscosity,
speed, and half contact width via a power law curve, demonstrating
that the dependence of film thickness on load is more significant in
starved contacts than under fully flooded conditions. The film thickness
was also observed to be almost independent of speed as speed increased
(≥ 2000 rpm) and contacts became more starved. These studies shed
some light on the relevance of replenishment and loss mechanisms in
grease-lubricated bearings.

Recent studies have attempted to propose models for the film thick-
ness in lubricant-starved contacts based on capillary flow replenish-
ment [9–13]. Understanding the significance of each replenishment or
loss mechanism is important for accurate model development.

∗ Corresponding author.
E-mail address: p.shetty@utwente.nl (P. Shetty).

Cann et al. [3,14] classified the mechanisms determining the lu-
brication in a bearing into three categories. (1) Lubricant parameters:
grease rheology, base oil viscosity, oxidation, and thermal stability;
(2) Operating parameters: speed, load, temperature, and vibrations;
and (3) Bearing parameters: size, surface finish, material, cage design,
etc. Among these mechanisms, vibrations—the primary focus of this
article—appear significant.

Vibrations are inherent in all rotating machinery. In ball bearings,
vibrations could result from various sources such as: variable compli-
ance [15,16]; geometric deviations such as raceway waviness, rolling
elements spheroidicity, and roughness [17]; and external sources such
as shaft misalignment, unbalance, and loose mechanical interfaces [18,
19]. The dynamic analysis of a shaft-bearing system showed that the
lubricant film thickness impacts the resonance frequency, damping
and stiffness of the system [20–22]. Studies on ball-on-disk machines
with varying load and oscillatory motion indicated that vibrations
impact the film thickness in an Elastohydrodynamic Lubrication (EHL)
contact [23–26]. Numerical studies also showed that surface wavi-
ness and indentation exacerbate vibrations, further impacting the film
thickness [17,27,28]. It is, therefore, anticipated that vibrations will
also influence the film thickness in ball bearings having multiple EHL
contacts.

Vibrating machines can induce unpredictable forces and displace-
ments in EHL contacts. A study by Félix Quinonez and Morales-
Espejel [29] showed that due to normal vibrations (fluctuations in
normal load), the lubricant entrainment velocity changes as the contact
radius changes. This change in entrainment velocity, combined with the

https://doi.org/10.1016/j.triboint.2024.109325
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Nomenclature

𝛽 Contact angle [°]
𝛽0 Free contact angle [°]
𝛿𝑎 Axial displacement [m]
𝛿𝑟 Radial displacement [m]
�̂� Vibration acceleration [ms−2]
�̂� Total mass of the system [kg]
𝜆 Damping coefficient [N sm−1]
𝜔 Angular velocity [rad s−1]
𝜓 Angular distance between the rolling ele-

ments [°]
Â Gap between the raceway groove curvature

centers [m]
𝜃 Bearing misalignment angle [°]
𝑏 Half contact width in across the rolling

direction [m]
𝐶𝐿 Load dependent parameter [/]
𝑑𝑚 Bearing pitch diameter [m]
𝐹𝑎 Axial force [N]
𝐹𝑟 Applied radial load [N]
ℎ𝑔,�̂� Film thickness at vibration acceleration �̂�

[m]
𝑘 Stiffness [Nm−1]
𝐾𝑛 Load–deflection factor [Nm−1.5]
𝑀 Applied Moment [Nm]
𝑚 Unbalancing mass [kg]
𝑁 Speed [rpm]
𝑅𝑖 Centers of the inner-ring raceway groove

curvature radii [m]
𝑡 Time [s]
𝑢𝑠 Entrainment velocity [m∕s]
𝑢𝑟𝑒𝑠 Resultant entrainment velocity [ms−1]
𝑥 Displacement [m]

squeeze effect, can have an impact on the (fully flooded) film thickness
in the contact. Glovnea and Zhang developed an analytical model for
the change in fully flooded film thickness due to load variations [24].
Later, Zhang et al. [30] developed an improved semi-analytical method
and numerical method to describe this phenomenon, and showed that
the larger the load amplitude, the larger the deviation of film thickness
from the steady-state value.

Experiments on a ball-on-disk machine, lubricated with oil, revealed
that when the contact is subjected to oscillatory rolling motion, high
frequencies raise the starvation level, thereby impacting the central
film thickness [31]. When the contact is subjected to lateral vibrations,
Kalogiannis et al. observed that film thickness perturbations occur only
at high lateral frequencies and low main entrainment velocities [26].
At lower lateral frequencies and higher main entrainment velocities,
film thickness variation is not significant. This derives directly from
the resultant entrainment velocity which is the vector sum of the main
entrainment velocity and the lateral velocity [23,26]: the impact of
lateral vibrations—indicated by the lateral velocity (or frequency)—
on resultant entrainment velocity is expectedly low when the main
velocity is significantly higher. In addition, an experimental study by
Fryzs et al. [23] and a numerical study by A. Félix Quiñonez [32]
showed that there would be fluctuations in the film thickness within
the central region at higher lateral vibration frequencies.

Recently, Nagata et al. [33] and Kalogianni et al. [26] studied
the effect of vibration on the film thickness in a ball-on-disk machine
lubricated with grease by inducing lateral motion between the ball

Table 1
Properties of the base oil and thickener content of the grease used in
this study.
Property LiM-100-2.5

Kinematic viscosity @ 40 ◦C (cSt) 102.8
Kinematic viscosity @ 100 ◦C (cSt) 10.31
Density @ 15 ◦C (g/cm3) 0.891
Pressure–viscosity coeff. @ 40 ◦C (GPa−1) 31.8
Thickener content (% mass) 13

and the plate. They found a significant increase in film thickness
due to the imposed vibrations. During the lateral vibrations, grease
from the side band is pushed/taken back onto the track, replenishing
the contacts. The authors stated that ‘‘Because many grease-lubricated
machine elements experience vibrations during their operation, it is
possible that these vibrations play a positive role in the lubrication
mechanisms’’ [33]. Their study was constrained to a fixed stroke length
(355 μm) and a vibration frequency of 10 Hz.

It is evident that much has been done on oil-lubricated EHL contacts
in fully flooded conditions. In this article, we will show the result
of a study on the influence of vibrations on the film thickness in a
grease-lubricated deep groove ball bearing, under starved lubrication
conditions.

2. Materials and methods

2.1. Grease

A lithium-thickened grease, denoted as ‘‘LiM-100-2.5 grease’’, is
selected for this study. It has a base oil viscosity of 100 cSt at 40 ◦C
and a consistency of NLGI grade 2.5. Detailed properties are described
in Table 1.

2.2. Measuring film thickness in deep groove ball bearings (DGBB)

The film thickness in the bearing contacts is measured on a new
in-house built bearing test rig. A sectional view of the test rig is shown
in Fig. 1 identifying various salient parts. The film thickness is mea-
sured using a device called ‘‘Lubcheck MK3’’ developed by Heemskerk
et al. [34]. It uses an electrical capacitance method to measure the
film thickness in an electrically isolated test bearing loaded on a shaft
supported by two hybrid bearings (bearings with ceramic balls and
steel rings). The inner ring which rotates with the shaft is connected
to the Lubcheck device via a mercury contact, while the stationary
outer ring is directly connected with a wire. The detailed procedure to
convert measured capacitance into film thickness including the effect of
starvation is described in our previous paper [7]. An encoder is used to
measure the shaft rotation speed which can reach 15000 rpm. The axial
and radial loads are applied using a pneumatic bellow and a pneumatic
cylinder, respectively, with load cells attached to measure the applied
load. Although this test rig can support both radial and axial loads, only
axial load is used in the present study. The temperature of the outer
ring is measured using a thermocouple. An electrically insulating but
thermally conductive gel is used to electrically isolate the bearing from
the thermocouple. The temperature of the test bearing can be controlled
by forcing air around the test bearing using an air duct, as shown in
Fig. 10. In our setup, the bearing temperature can be controlled to a
minimum value of approximately 40 ◦C by using laboratory air at room
temperature and high flow rates; and to a maximum value of 120 ◦C
by first heating up the laboratory air.

In this study, all the experiments are conducted on an SKF 6209
bearing with C3 clearance, filled with LiM-100-2.5 grease up to 30%
of the bearing’s free volume. The test loads are 513 N and 900 N axial
loads (dimensionless load 𝐶∕𝑃 = 34 and 𝐶∕𝑃 = 21.8, respectively),
yielding contact pressures of 0.972 GPa and 1.28 GPa, respectively,
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Fig. 1. Side sectional view of the test rig. See Appendix A for a three-dimensional view.

between the inner ring and each ball. The bearing initially runs at
4000 rpm and 513 N for 100 h to complete grease churning. The end
of grease churning and start of grease bleeding phase is identified using
the bearing’s instantaneous self-induced temperature and film thickness
profiles. This study focuses on the film thickness in the bleeding phase
where the bearing operates for most of its service life.

All the film thickness measurements are performed in the post-
churning phase at a temperature of 61 ◦C for 10–15 min. Film thickness
reaches a stable value within 1–2 min after the initial transient ef-
fects [8]. The time average of the stable film thickness is considered in
the analysis. All the experiments herein are repeated at least twice and
average values are used. The plotted error bars represent the standard
deviations of the measurements.

2.3. Inducing and measuring vibrations

Vibration in a rotating shaft-bearing assembly with unbalancing
mass 𝑚, modeled using a spring–mass–damper system, is governed
by �̂��̈� + 𝜆�̇� + 𝑘𝑥 = 𝑚𝑒𝜔2 sin (𝜔𝑡), where �̂� is the total mass of the
system, 𝑥 is the displacement, 𝜆 is the damping coefficient, 𝑘 is the
spring stiffness coefficient, 𝑚 is the rotating unbalance mass, 𝑒 is the
eccentricity (i.e., distance between the center of rotation and center of
the mass 𝑚), 𝜔 is the angular velocity and 𝑡 is time. The right-hand side
of the equation represents the force due to the rotating unbalance and
the left-hand side of the equation represents the dynamic response of
the system [35]. Here, we induce two different levels of vibrations by
adding two different unbalancing masses to the lock-nut of the shaft-
bearing assembly. An accelerometer to measure the vibration of the
test bearing is mounted horizontally via a magnet on the test bearing
housing. The initial/reference condition without any additional mass is
labeled ‘𝑚0’, and conditions with unbalance masses added are denoted
by ‘𝑚1’ and ‘𝑚2’. The unbalancing force generated depends on the speed,
eccentricity and mass. Here, the unbalancing force is estimated at 4000
rpm. The lock nut radius is taken as the eccentric distance for the
calculation. The resulting forces for 𝑚1 = 0.44𝑔 and 𝑚2 = 0.84𝑔 are
2.2 N and 4.2 N, respectively.

Due to signal interference between the accelerometer and the ca-
pacitance measurement equipment, we are unable to measure vibration
acceleration and film thickness simultaneously. So, the vibration and
film thickness measurements presented here are performed alternately
i.e., first, we measure the vibration of the test rig under a specific
condition, then remove the accelerometer from the rig and measure
the film thickness capacitance on the same set-up and condition, before
changing to the next operating condition.

Fig. 2. Variation of film thickness (black lines) and vibration acceleration (red line)
for different speeds, axial load = 513 N, Temperature = 61 ◦C. The results from the
previous study are detailed in [7].

3. Results

Our previous study [7] showed that the film thickness is almost
independent of speed in severely starved grease-lubricated contacts.
Under the same conditions as the tests done in this current study, with
the same grease, at a temperature of 61 ◦C, this negligible dependence
of film thickness on speed was observed after 2500 rpm. In that
(previous) study, the test rig was limited to speeds up to 4000 rpm. We
subsequently built a new test rig to study the film thickness behavior
at higher speeds. In this current study, film thickness is measured at
speeds up to 12000 rpm (corresponding to a product of the pitch
diameter of the bearing in millimeters and speed in rpm, denoted as
𝑛𝑑𝑚, equal to 0.8 million), under the same 513 N axial load; see Fig. 2.
The film thickness values obtained on both test rigs are similar at speeds
up to 4000 rpm. At higher speeds, > 6000 rpm, film thickness values
unexpectedly and significantly increase.

To investigate this distinctive film thickness increase with speed,
the vibration signature of the test rig is measured. The vibration is
measured for one minute in the horizontal direction, and root mean
square (rms) values are evaluated. Fig. 2 shows that the vibration
acceleration increases with the speed, as expected. But at 8000 rpm,
there is a significant increase in vibration acceleration, followed by a
drop to a stable value. Vibration and film thickness appear to follow
a similar pattern. To identify the possible cause of the vibration,
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Fig. 3. Power spectral density (PSD) plots for different speeds. Axial load = 513 N. Self-induced vibrations (i.e., no unbalance mass added).

the power spectral densities (PSD) (also called acceleration spectral
densities) are calculated and plotted for different speeds in Fig. 3. PSD
is used to identify the dominating frequencies in a vibration signal. It
describes the distribution of power in a frequency domain in the signal.
Here, power is the mean square value of the vibration acceleration. The
𝑦-axis is the power normalized with the frequency bin width, making it
independent of the duration of the measurements. This will facilitate
comparing different measurements regardless of their measurement
duration. It can be seen from Fig. 3 that, for a particular speed, the
first harmonic frequency is its rotational frequency; the amplitudes
of other harmonics are lower than the first dominant/fundamental
frequency (except for 2000, 4000 and 8000 rpm). It is also evident
from Fig. 3 that the 266 Hz peak, at a speed of 8000 rpm, has the
highest amplitude in comparison with other speeds/frequencies. This
8000 rpm/266 Hz could be the speed/frequency at which the machine
resonates. For 8000 rpm, the amplitude of the second harmonic is
orders of magnitude higher than the first harmonic, which could be due
to this resonance. It should be noted that if the subsequent harmonics
are 15% lower than the first dominant frequency, the cause of vibration
is likely unbalancing [36]. In our test rig, the vibration level is high
enough to have an impact on the film thickness but low enough to not
cause any considerable damage.

3.1. Isolating vibration effect on film thickness

Changes in the output signal from the electrical sensors can be
due to actual interactions at the bearing contacts or due to electrical

artifacts from interferences or other uncontrollable factors. So, we first
determine the extraneous effects in the electrical signal, to properly
isolate actual vibration impact on film thickness.

3.1.1. External effects outside the EHL contacts
To check whether the increase in film thickness is caused by any

vibration-induced electrical effects, we measured the background ca-
pacitance using a hybrid bearing. The background capacitance is the
total measured capacitance excluding the contribution from the EHL
contact [37]. This capacitance is test rig-dependent and usually con-
stant for all conditions [7]. Fig. 4 plots background capacitance for a
speed sweep without additional mass, labeled ‘Bg cap 𝑚0’, and with
unbalance mass 𝑚1, labeled ‘Bg cap 𝑚1’. The speed is varied from 0
to 12000 rpm. The background capacitance is evidently not affected
by vibrations, indicating that any observed change in measured film
thickness capacitance in the presence of vibrations in the bearing is
therefore induced by actual changes in EHL film thickness.

Fig. 4 also shows the actual film thickness capacitance, labeled
‘‘Film cap 𝑚0’’, for an all-steel bearing. This capacitance, much higher
than the background capacitance, decreases with speed as expected,
at low to medium speeds. Hence, we anticipate that any consistently
observed changes in film thickness due to vibrations are not induced by
external electrical effects, but are actual phenomena-induced variations
in film thickness in the bearing’s contacts.
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Fig. 4. Background capacitance (Bg cap) at different speeds, with and without an
additional mass on the shaft. Bearing axial load = 513 N. Bg cap 𝑚0 represents
measurements under self-induced vibration (unbalance mass = 0); Bg cap 𝑚1 represents
measurements under vibration with an unbalancing mass 𝑚1 (unbalance mass = 0.44 g).
Film cap 𝑚0 is actual film thickness capacitance measurement.

3.1.2. Vibrations-induced film thickness changes
Fig. 5(a) shows vibration acceleration versus speed for the three

vibration levels studied: �̂�0 (self-induced vibrations with no unbalance
mass), �̂�1 (vibrations including the additional impact of unbalance mass
𝑚1) and �̂�2 (vibrations including the additional impact of unbalance
mass 𝑚2). It is evident that each configuration yields a distinct vibration
acceleration profile, with �̂�2 > �̂�1 > �̂�0 (at speeds ≥ 2000 rpm).

Fig. 5(b) shows the film thickness profiles for the three vibration
configurations. Above 1000 rpm, the film thickness under �̂�2 vibration
is the highest, followed by �̂�1, then �̂�0. This corresponds to �̂�2 having
the highest vibration acceleration, followed by �̂�1, then �̂�0, indicating
the dependence of film thickness on vibration levels. The test was
repeated with an axial bearing load of 900 N, showing similar results.
In addition, the PSD analysis (Fig. 3) shows that until 5000 rpm, the
maximum PSD amplitude is only 0.02 m2s−4, after which the amplitude
increases exponentially, reaching values up to 2.5 m2s−4 at 8000 rpm.
This increase in vibration corresponds to an increase in measured film
thickness (see Fig. 2).

3.2. Characterizing vibration effect on film thickness

In this section, we derive an equation for the film thickness ℎ𝑔,�̂� as a
function of vibration acceleration level �̂�. This work is empirical, hence
vibrations cannot be completely removed, so measuring film thickness
under zero vibrations is impossible. We, therefore, define a reference
film thickness (ℎ𝑔,�̂�0 ) under ‘minimum vibrations’, obtained here at
lower speeds. Measurements for this reference are at the self-induced
vibration level �̂�0. Fig. 6 plots the normalized increase in vibration
acceleration �̂�−�̂�0

�̂�0
against the normalized film thickness ℎ𝑔,�̂�

ℎ𝑔,�̂�0
for axial

bearing loads of 513 N and 900 N, fitting well with:

ℎ𝑔,�̂�
ℎ𝑔,�̂�0

= 𝐶𝐿

(
�̂� − �̂�0
�̂�0

)1∕5
+ 1, (1)

where 𝐶𝐿 is a load-dependent parameter. Here, 𝐶𝐿 = 0.3 for 513 N
load and 𝐶𝐿 = 0.15 for 900 N load, with correlation coefficient 𝑅2

values of 0.90 and 0.73, respectively. The slopes of the initial sharp
increase and the subsequent asymptotic increase in film thickness are
different for both loads. These are related to the ratio of displacement
(a measure of the vibration amplitude) to the contact size, which is

larger for lower load. Same-amplitude vibrations cause more contact
replenishment in smaller contacts, leading to thicker films, than in large
contacts. Further study into the influence of load on vibration-induced
film replenishment [38] is recommended.

Using Eq. (1), we can correct the measured film thicknesses for
vibration effects, as shown in Fig. 7. For every speed, the vibration
level �̂� is measured and substituted into Eq. (1) to obtain the corrected
value of the grease film thickness ℎ𝑔,�̂�. We fit the curves with the
measured vibration levels up to 4000 rpm and extrapolate to higher
speeds to get the reference vibration acceleration �̂�0. Vibrations at
speeds ≤ 2000 rpm (where fully flooded condition persists) are min-
imal, coinciding with the reference vibrations; as such, no correction
is done in that regime. Above 2000 rpm (where starved lubrication
persists), the measured film thickness at 2000 rpm (0.43 μm) is used as
the reference film thickness ℎ�̂�0 . Fig. 7 presents the originally measured
film thickness (black plot) and the vibrations-corrected film thickness
(red plot), showing a significant impact of high-speed (over 7000
rpm) vibrations on film thickness. Fig. 7 verifies previous findings
that, in grease-lubricated bearings, film thickness becomes independent
of speed at high speeds [5,7] (as shown by the red plot), and that
vibrations can skew film thickness measurements (as shown by the
black plot).

In the next section, we attempt to understand how vibration influ-
ences the film thickness in grease-lubricated bearings. We will discuss
possible mechanisms behind this phenomenon and examine which
mechanism plays the most vital role.

4. Discussion

4.1. Vibrations-induced increase in film thickness

Three possible mechanisms that could increase the EHL film thick-
ness due to vibrations have been proposed in the literature. These were
briefly discussed in the above Introduction section. In this section, we
analyze our measurements based on all three theories and identify the
most relevant.

4.1.1. Change in resultant entrainment velocity
In the presence of lateral vibrations, the resultant entrainment

velocity 𝑢𝑟𝑒𝑠 is the vector sum of the main entrainment velocity 𝑢𝑠 and
the lateral velocity 𝑣, i.e., 𝑢𝑟𝑒𝑠 =

√
𝑢2𝑠 + 𝑣2. In this study, the lateral

velocities in the contact at various shaft speeds are estimated conserva-
tively as time integrals of the measured vibration accelerations, and the
rms values of the velocities are used for subsequent calculations. Results
show that lateral velocities (𝑣) due to vibration are four magnitude
orders lower than the main entrainment velocities 𝑢𝑠, having negligible
impact on the resultant contact entrainment velocities, similar to the
observations by Kalogiannis et al. [26] for low lateral frequencies.
Therefore, in our study, increase in entrainment velocity is not the
active mechanism responsible for the higher film thickness due to
vibrations.

4.1.2. High-frequency fluctuations in contact force
Vibrations can also exert an additional force on the contacts. The

film thickness in an EHL regime is mainly determined by the inlet
conditions at the contact. Rapid changes in loads impact contact dimen-
sions. When the contact edge moves against the lubricant entrainment
direction, the lubricant advances towards the contact at a relative
velocity given by the sum of the main entrainment velocity and the
rate of change of contact dimension. The resultant entrainment velocity
is higher than the main entrainment velocity. When high enough,
it may increase the film thickness. We estimate the contribution of
this mechanism to film thickness replenishment using the analytical
model developed by Glovnea and Zhang [24,30]. For an unbalancing
load of 4.27 N (resulting from the added mass 𝑚2 at 4000 rpm), the
predicted change in film thickness is 1%. Hence, the rate of contact
load fluctuations due to vibrations does not contribute considerably to
the observed increase in film thickness.
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Fig. 5. (a) Vibration measurement showing the difference in vibration acceleration for the three different configurations. �̂�0, �̂�1 and �̂�2 correspond to the accelerations induced by
𝑚0, 𝑚1 and 𝑚2, respectively. (b) Variation of film thickness with speed, under different vibrating conditions. Axial bearing load = 513 N, Grease:LiM-100-2.5.

Fig. 6. Variation of normalized film thickness with relative increase in vibration
acceleration, under accelerations �̂�0, �̂�1, and �̂�2 and various speeds. Axial bearing load
= 513 N and 900 N.

4.1.3. Shift in ball-ring contact position
Nagata et al. [33] showed that in grease-lubricated point contacts,

the film thickness is higher when lateral vibrations are present. The
lateral motion of the ball facilitates contact replenishment by pushing
the grease ridges formed by side flow in/around the EHL region of
the preceding contact back into the track. A similar phenomenon is
probable in a full bearing. By double integrating the measured vibration
acceleration with respect to time, we estimate the lateral displacement
of the outer ring. Fig. 8 plots this axial displacement (red plot) and the
(uncorrected) measured film thickness versus speed (black plot). At low
to medium shaft speeds, the displacement increases monotonously with
speed, roughly correlating with film thickness. At high speeds (≥8000
rpm), the displacement varies directly as film thickness, decreasing
with speed. Even though the applied load is axial, due to misalign-
ment/unbalancing, a small component of the load acts radially on
the bearings. To balance this additional time-varying radial force, the
bearing ring moves axially due to a shift in contact angle. The sudden
increase in film thickness after 7000 rpm is possibly due to significant

Fig. 7. Corrected and measured film thickness variation with speed, under different
vibrating conditions. Axial bearing load = 513 N.

increase in the lateral displacement. This effect, a function of the
ratio of displacement to contact size, will facilitate high replenishment.
Fig. 6 shows that vibrations have higher impact under lower loads
(hence, for smaller contacts). The center of a wider contact is harder
to replenish. Note that the displacement (in Fig. 8) obtained from the
measured vibration acceleration includes effects from other parts of
the rig, such as support bearings and bearing housings. Hence, this
estimated displacement is a qualitative measure of the ball-ring contact
movement.

To further verify this mechanism, we estimate quantitatively the
displacement due to the unbalance masses, using a system of equations
proposed by Harris and Kotzalas [39,40]. The results are shown in
Fig. 9 and the details of this analysis are presented in Appendix B. In
Fig. 9, the radial loads due to unbalance are plotted with blue lines and
the resulting contact displacements at the highest loaded contact are
represented with red lines. The displacement amplitudes are 4.21 μm
and 8.06 μm for the 2.24 N and 4.27 N loads, respectively.

It appears that due to additional forces caused by vibrations, the
contact angle fluctuates, continuously displacing the ball-ring contacts
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Fig. 8. Film thickness (left axis) and estimated axial displacement (right axis) as
functions of speed. Axial bearing load (static) = 513 N.

along a curvilinear path (see Appendix B for more). As this occurs,
the ball rolls over the ridges created by the preceding contacts and
drags the lubricant towards the center of the contact causing higher
film thickness, similar to the observation by Nagata et al. [33] on a
ball-on-disk machine.

5. Summary, conclusions, and recommendations

Our newly developed test rig showed quite a distinct rise in film
thickness at speeds around 8000 rpm for SKF 6209 DGBB (grease
lubricated and axially loaded with two different loads) running in
starved conditions. Vibrations measured with a horizontally mounted
accelerometer showed a clear correlation between the unexpected in-
crease in film thickness and level of vibration. To further investigate
this, additional unbalancing forces were generated with two different
masses attached to the lock-nut, in order to quantify the change in film
thickness, up to 4000 rpm shaft speed. Then, an empirical model was
developed to correlate the relative increase in the film thickness with
the relative increase in acceleration for two different axial loads. The
model was used to correct the measured film thickness at shaft speeds
up to 12000 rpm, corresponding to 0.8 million ndm in the SKF 6209
bearing used here. This led to the following findings:

• An increase in the vibration acceleration shows a clear increase
in the starved film thickness.

• This increase in starved film thickness is not due to changes
in resultant entrainment velocity, because the lateral velocities
caused by the vibrations are four orders of magnitude lower than
the main entrainment velocity. The same argument holds for
fluctuations in the contact force, which are too small to have
considerable effect.

• A model to estimate the lateral displacements due to the unbal-
ancing forces shows that these displacements could reach values
up to 8 μm (for our conditions), which is potentially enough to
replenish the contacts by pulling grease and/or oil from the side
of the track into the contacts (when the ball rolls over the ridges
formed by the preceding ball).

• After correcting the measured film thickness with the derived
film thickness-vibration level empirical relationship, results show
that the (corrected) film thickness is almost independent of speed
above 2000 rpm, further verifying observations previously re-
ported in our earlier work and other studies.

Some recommendations for future experiments to better understand
vibrations-induced film thickness changes:

• Perform ball-on-disk measurements similar to Nagata et al. [33]
but with an oil/grease layer and a very small oscillation ampli-
tude.

• Measure the actual displacement between the inner and outer
ring of the test bearing using a laser vibrometer to obtain a
directly measured relative displacement. An additional advantage
here is that the film thickness and displacement can be measured
simultaneously, because the laser does not interfere with the
capacitative film thickness measurement.
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Appendix A

Fig. 10 shows the three-dimensional CAD of the film thickness
measurement test rig used in this study.

Appendix B

Here, we analytically quantify the lateral motion induced by the
unbalancing masses, as a second verification of the impact of this
mechanism on film thickness replenishment. See Fig. 9 for the analysis
results.

The natural misalignment/unbalance in the shaft is used as the
reference. In this analysis, the radial forces emanate from the unbal-
ancing masses 𝑚1 and 𝑚2 only. Due to this additional radial force along
with the applied axial load, three parameters change: (a) relative axial
displacement of the rings, (b) contact angle, and (c) contact width.
When radial and axial loads are applied to a ball bearing, the ring-ball
contact deforms and the relative displacements of the inner and outer
raceways are defined by relative axial displacement 𝛿𝑎, radial displace-
ment 𝛿𝑟, angular displacement 𝜃, and contact angle 𝛽, all of which can
be obtained by numerically solving Eqs. (2)–(5)—proposed by Harris
and Kotzalas [39,40]. More information can be found in [39,40].

Axial force

𝐹𝑎 = −𝐾𝑛Â
1.5

𝜓=±𝜋∑
𝜓=0

×
{
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5 − 1

}1.5 (sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5

(2)
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Fig. 9. Cyclic radial loads and resulting shifts in contact due to unbalancing mass (a) 𝑚1 with unbalancing force amplitude of 2.24 N, and (b) 𝑚2 with unbalancing force amplitude
of 4.27 N. Axial bearing load (static) = 513 N.

Fig. 10. Isometric view of the test rig showing air duct for temperature control.

𝑀 = −
𝑑𝑚
2
𝐾𝑛Â

1.5

𝜓=±𝜋∑
𝜓=0

{
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5 − 1

}1.5 (sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓) cos𝜓
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5

(4)

Box I.

Radial force

𝐹𝑟 = −𝐾𝑛Â
1.5

𝜓=±𝜋∑
𝜓=0

×
{
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5 − 1

}1.5 (cos 𝛽0 + 𝛿𝑟 cos𝜓) cos𝜓
[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5

(3)

Angular displacement is given in Box I.
Contact angle

𝛽 = cos−1
cos 𝛽0 + 𝛿𝑟 cos𝜓

[(sin 𝛽0 + 𝛿𝑎 + 𝑅𝑖�̄� cos𝜓)2 + (cos 𝛽0 + 𝛿𝑟 cos𝜓)2]0.5
(5)

When bearing loads are both radial and axial (here, the radial load
is due to unbalance and the axial load is the applied load), the load
distribution along the circumference of the bearing will not be uniform.
Calculations are here performed for the highest-loaded ball.

When the radial load varies over time due to unbalance, the contact
angle 𝛽—the angle formed between the line that passes through the
center of the ball-ring contact and an axis perpendicular to the bearing
rotational axis—will change correspondingly as the contact rotates
along the ring interfaces. See Fig. 11. The motion of the balls along the
curved path on the grooves, transverse to the rolling direction, i.e., the
curvilinear displacement, is given by 2𝜋𝑟𝑜𝛥𝛽∕360, where 𝛥𝛽 represents
the change in contact angle due to unbalance only, and 𝑟𝑜 is the outer
ring groove radius.

Using these equations, we estimate the contact displacements for
the 2.24 N and 4.27 N unbalancing force conditions resulting from the
𝑚1 and 𝑚2 masses added to the shaft. The axial force used is 513 N and
the shaft speed is 4000 rpm. The radial force varies sinusoidally with
time at a frequency equal to 2𝜋𝑁∕60.
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Fig. 11. Contact geometry showing the axial and radial displacements and the resulting curvilinear transverse displacement (arc length) at the contact.
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A B S T R A C T

Estimating the film thickness in a grease lubricated bearing in the post-churning phase is complex because of
the prevalent starved lubrication conditions. In our earlier work, we showed that the relative film thickness
(ℎ𝑔∕ℎ𝑓𝑓 ) in an axially loaded 6209 deep groove ball bearing (DGBB) depends on the product of viscosity,
load and linear speed (𝜂𝑏𝑢). In this article, we present the results of experiments performed using bearings
of different sizes – 6204, 6206, 6209 – and show that the relative film thickness maintains a power-law
relationship with 𝜂𝑏𝑢, independent of the bearing size.

1. Introduction

Grease-lubricated bearings operate under starved lubrication con-
ditions during most of the operational period. Determining the film
thickness during this period facilitates optimization of operating param-
eters and selection of the right lubricant to prevent failures caused by
seizure.

Models to predict film thickness under starved lubrication con-
ditions have been proposed by Wedeven et al. [1], Hamrock and
Dowson [2], Damiens et al. [3], and Van Zoelen et al. [4]. These models
require either the meniscus distance from the center of the contact or
the oil layer thickness on the track. These values are impossible to
obtain in full bearings, making these models directly inapplicable to
an industrial bearing. Accurate prediction of film thickness in a grease-
lubricated bearing under various conditions remains a paramount need
in the bearing and lubricants industry.

The film thickness in deep groove ball bearings has been shown to
depend on temperature, load, speed and base oil viscosity during the
post-churning phase [5–7]. If these parameters are held constant, film
thickness is observed to reach a pseudo-steady state condition within a
few minutes [6,8]. During this stage, we can measure the film thickness
and study various replenishment and loss mechanisms contributing to
the film build-up. Jacod et al. [9] and Gershuni et al. [10] identified
that the replenishment due to local capillary forces is more significant
than the out-of-contact reflow between the successive over-rollings.
Ball-on-disc studies and computational fluid dynamics (CFD) simula-
tions by Nogi [11,12] and Fischer et al. [13] considered the reflow

∗ Corresponding author.
E-mail address: p.shetty@utwente.nl (P. Shetty).

of the lubricant back to the contact. They showed that starved film
thickness is a function of capillary number, oil layer thickness, and fully
flooded film thickness.

Based on ball-on-disc experiments, Cann et al. [14] proposed a
non-dimensional parameter named ‘‘SD parameter’’ with which film
thickness can be predicted. The SD parameter is the ratio of the product
of dynamic viscosity 𝜂, half contact width 𝑏, and linear speed 𝑢 to the
product of surface tension 𝜎 and oil height ℎ∞ (i.e., 𝑆𝐷 = 𝜂𝑏𝑢∕𝜎ℎ∞).
This parameter follows a power law relationship with the relative
film thickness, the ratio of measured grease film thickness ℎ𝑔 to the
calculated (fully flooded) base oil film thickness ℎ𝑓𝑓 . Cen and Lugt [5]
showed that, in the early post-churning phase of bearing operation, a
similar relationship can also be obtained for a deep groove ball bearing.
For multiple greases and operating conditions, they demonstrated a
power law relationship between the relative film thickness (ℎ𝑔∕ℎ𝑓𝑓 )
and the product (𝜂𝑏𝑢) of dynamic viscosity 𝜂, half contact width 𝑏,
and linear speed 𝑢. They recognized that the surface tension 𝜎 of
the commonly used oils in greases does not vary much and therefore
omitted this. The oil height ℎ∞ was kept constant in [14], so was also
omitted. Their 𝜂𝑏𝑢 concept describes the effect of grease type (base
oil viscosity), number of rolling elements, speed, and load very well.
However, their study was restricted to a 6209 bearing, hence the effect
of bearing size on film thickness remains unknown.

Cann and Lubrecht [15] suggested that contact replenishment is
more difficult in larger bearings because of the larger distance between
the grease reservoir and the contacts. Conversely, the replenishment
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Nomenclature

𝛽 Temperature-viscosity coefficient [1∕◦C]
�̇� Shear rate [s−1]
𝜂 Dynamic viscosity [Pa s]
𝜅 Ellipticity ratio [/]
𝜔𝑖 Inner race angular velocity [rad s−1]
𝜌(𝑝) Density at pressure p [kgm−3]
𝜌0 Density at atmospheric pressure [kgm−3]
𝜎 Surface tension [N m−1]
𝑎 Half contact along the rolling direction [m]
𝑏 Half contact width across the rolling direc-

tion [m]
𝐵𝑟 Brinkman number [/]
𝐶𝑇 Non-dimensional thermal correction factor

[/]
𝑑 Ball diameter [m]
ℎ∞ Oil layer thickness [m]
ℎ𝑐 Central film thickness [m]
ℎ𝑔 Grease film thickness [m]
ℎ𝑓𝑓 Calculated fully flooded base oil film

thickness [m]
𝐾 Thermal conductivity of the lubricant

[W m−1◦C−1]
𝑛𝑑𝑚 Speed number [mm × min−1]
𝑝𝑚 Maximum Hertzian pressure [Pa]
𝑅𝑖 Inner race radius [m]
𝑆𝑅𝑅 Slip-to-roll ratio [/]
𝑢 Entrainment velocity (average velocity)

[m s−1]

model proposed by Chiu [16] may imply that larger bearings will have
more replenishment due to the larger distance between the successive
balls, which increases the time available for lubricant replenishment
between the contacts. Recently, it was found that the conformity in the
bearing contact could play a role in replenishment [17]: the contact
with lower conformity showed higher film thickness due to higher
induced capillary action. However, this conformity does not change
significantly with bearing size. Damiens et al. [18] showed that reduc-
ing cage clearance (which typically depends on bearing size) helps in
redistributing the grease and increases the film thickness. The effects
of centrifugal forces on lubricant loss and supply also depend on the
bearing size [19,20]. In this study, we investigate whether the power
law relationship between ℎ𝑔∕ℎ𝑓𝑓 and 𝜂𝑏𝑢 holds for different bearing
sizes, doing film thickness measurements with again varying speeds,
load, and different greases. By studying the film thickness in differently
sized bearings, we can better understand the effect of dimension and
geometry on lubricant film formation, replenishment and loss at the
bearing contacts.

2. Materials and methods

2.1. Lubricant grease

Two Lithium-thickened greases with mineral oil as the base oil were
used in this study. The grease denoted as ‘LiM-100-2.5’ has a base oil
viscosity of 100 cSt at 40 ◦C and consistency of NLGI grade 2.5. The
grease named ‘LiM-460-3’ has a base oil viscosity of 474.5 cSt at 40
◦C and a consistency of NLGI grade 3. More information about these
greases is provided in Table 1.

Table 1
Properties of the base oils and thickener contents of the greases used.

Property LiM-100-2.5 LiM-460-3

Kinematic viscosity @ 40 ◦C (cSt) 102.8 474.5
Kinematic viscosity @ 100 ◦C (cSt) 10.31 31.4
Density @ 15 ◦C (g/cm3) 0.891 0.902
Pressure-viscosity coeff. @ 40 ◦C (GPa−1) 31.8 27.4
Thickener content (% mass) 13 17

Table 2
Dimensions of the bearings used.

Property 6204 6206 6209

Width (mm) 14 16 19
Bore diameter (mm) 20 30 45
Outside diameter (mm) 47 62 85

2.2. Film thickness measurement

Three bearing sizes are selected for this study: SKF 6204, 6206,
and 6209. These are widely used bearing types used in electric mo-
tors, electric vehicles (EV), and general-purpose machines. The bearing
dimensions are listed in Table 2. The film thicknesses in these bearings
are measured using an electrical capacitance method. A device called
‘Lubcheck MK3’, developed by Heemskerk et al. [21], measures the
electrical capacitance. The method to obtain the film thickness from
the measured capacitance is detailed in Ref. [6]. The film thickness
measurement test rig is described in our previous publication [22].
In this study, film thickness is measured under axial loads. For all
the bearings and greases, 30% of the free volume of each bearing is
filled with fresh grease after which it is run for more than 80–150 h
to finish churning, see Appendix. The film thicknesses reported in this
study are measured after the churning phase. See the Appendix for
some examples of the measurements. The reported film thickness (ℎ𝑔)
is the inner ring-ball contact film thickness. During the film thickness
measurements, the temperature of the outer ring is controlled using hot
air flow around the bearing. The temperature is held at 61 ± 0.5 ◦C. At
each set operating point, the film thickness is measured for about 10–
15 min. Film thickness stabilizes within 1–2 min after each speed/load
change, and the time average value after this is considered for the
analysis. All the experiments here are conducted in the full film EHL
regime. Measurements are repeated at least twice, and the standard
deviations are plotted as error bars in the results figures below.

3. Results

3.1. 6204 bearing

Fig. 1 presents the film thickness in 6204 bearings lubricated with
LiM-100-2.5 grease and LiM-460-3 grease. The bearings are tested at a
shaft speed range of 1500–14 000 rpm, which results in a maximum
of 0.469 million 𝑛𝑑𝑚 (𝑛𝑑𝑚 is the product of speed 𝑛 in rpm and
pitch diameter 𝑑𝑚 in mm). The loads on the bearing lubricated with
LiM-100-2.5 are 300 N, 400 N, and 500 N. These result in a contact
pressure range of 1.198 GPa–1.47 GPa and a half contact width range
of 0.849 mm–1.041 mm (see Table 3). These calculations are done for
the inner ring-ball contacts, and the contact widths are across ‘b’ and
along ‘a’ the running direction of the ball. Fig. 1(a) shows that, for
LiM-100-2.5 grease, the film thickness increases with shaft speed up to
4000 rpm and becomes almost constant until 6000 rpm. The spike in
film thickness around 8000 rpm is attributed to vibrations in the test
rig [22]. After this rise, film thickness drops and again becomes almost
constant. The film thickness in 6204 bearings lubricated with LiM-460-
3 grease is shown in Fig. 1(b). The applied loads are 400 N, 500 N,
and 600 N. The resulting contact pressures and half contact widths are
shown in Table 3. Similar to the LiM-100-2.5 grease, film thickness
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Fig. 1. Variation of film thickness with speed in 6204 bearings lubricated with (a) LiM-100-2.5 grease and (b) LiM-460-3 grease.

Table 3
Bearing load, half contact widths (across (b) and along (a) the running direction,
giving ellipticity ratio = 0.0748) and contact pressure for 6204 bearing inner ring-ball
contact.

Load Half contact
width 𝑏 (mm)

Half contact
width 𝑎 (mm)

Contact pressure
(GPa)

300 N 0.849 0.0635 1.198
400 N 0.9246 0.0692 1.305
500 N 0.9874 0.0739 1.394
600 N 1.0413 0.0779 1.470

initially increases with speed and becomes almost constant after 4000
rpm until a sudden rise in film thickness at 7000 rpm, followed by a
peak at 8000 rpm. The film thickness obtained using LiM-460-3 grease
is more transient (with speed) than that obtained from the LiM-100-2.5
grease, due to the higher viscosity of the LiM-460-3 grease. The effect
of vibration appears more significant in the higher-viscosity base oil.

3.2. 6206 bearing

The film thickness measurements in 6206 bearings are presented
in Fig. 2. Here, for the bearing lubricated with LiM-100-2.5 grease,
the film thickness is measured until 9000 rpm, corresponding to 0.41
million 𝑛𝑑𝑚. For the bearing lubricated with ‘LiM-460-3’ grease, the
film thickness is measured until 8000 rpm (0.37 million 𝑛𝑑𝑚). We could
not measure the film thickness at higher speeds due to difficulty in
holding the temperature at 61 ◦C. Similar to the 6204 results, film
thickness initially increases with speed and becomes almost constant
after 4000 rpm. A vibrations-induced spike in film thickness around
8000 rpm (for the 310 N load) can also be seen. The film thicknesses
are measured with three different loads, the resulting contact pressure
and contact widths are shown in the Table 4. A distinct film thickness
profile for each different load can be observed for both greases. As
load increases, the level of starvation increases, resulting in smaller film
thickness at higher loads. The differences in measured film thicknesses
for both greases are also attributed to differences in base oil properties
such as viscosity. In these bearings, no drop in film thickness was
observed at high speeds.

3.3. 6209 bearing

The film thickness for 6209, the largest bearing in this study, is
shown in Fig. 3. The applied bearing load, half contact widths, and
contact pressures at the inner ring contact are given in Table 5. Similar
to 6204 and 6206 bearings, the film thickness in this bearing lubricated

Table 4
Bearing load, half contact widths (across (b) and along (a) the rolling direction,
giving ellipticity ratio = 0.0797) and contact pressure for 6206 bearing inner ring-ball
contact.

Load Half contact
width ‘b’ (mm)

Half contact
width ‘a’ (mm)

Contact pressure
(GPa)

310 N 0.8547 0.0681 1.032
460 N 0.9618 0.0766 1.161
620 N 1.0503 0.0837 1.268

Table 5
Half contact widths (across (b) and along (a) the running direction, giving ellipticity
ratio = 0.0779) and contact pressure for 6209 bearing inner ring-ball contact.

Load Half contact
width ‘b’ (mm)

Half contact
width ‘a’ (mm)

Contact pressure
(GPa)

513 N 1.0867 0.0846 0.972
700 N 1.1935 0.0930 1.067
900 N 1.2864 0.1002 1.151

with LiM-100-2.5 and LiM-460-3 increases with speeds and becomes
almost steady after 2000 rpm. Then the film thickness suddenly in-
creases after 6000 rpm due to vibrations (for the LiM-100-2.5 grease,
Fig. 3(a)). The bearings are tested at shaft speed range of 500 rpm–
12 000 rpm. This results in 0.78 million 𝑛𝑑𝑚 for the highest speed
tested. These results show that film thickness does not drop with
increasing speed in severely starved contacts. This is believed to be due
to the film thickness dependence on side flow which is governed by
the lubricant residence time and over-rolling frequencies. As the speed
increases, these two factors potentially balance each other, making the
film thickness almost constant at higher speeds [4,23].

4. Discussion

4.1. Relative film thickness

The transition to and level of starvation, measured by the relative
film thickness ℎ𝑔∕ℎ𝑓𝑓 , has been shown to be a function of speed, load,
and viscosity. If ℎ𝑔∕ℎ𝑓𝑓 < 1, the contacts are starved, or else, they are
fully flooded. The fully flooded film thickness ℎ𝑓𝑓 is calculated using
Hamrock and Downson’s equation. At higher speeds, where inlet shear
heating effects become more significant, the Hamrock and Downson
equation is adjusted by applying the correction factor proposed by
Gupta et al. [24]:

𝐶𝑇 =
1 − 13.2(𝑝𝑚∕𝐸′)𝐵𝑟0.42

1 + 0.213(1 + 2.23𝑆𝑅𝑅0.83)𝐵𝑟0.64
(1)
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Fig. 2. Variation of film thickness with speed in 6206 bearings lubricated with (a) LiM-100-2.5 grease and (b) LiM-460-3 grease.

Fig. 3. Variation of film thickness with speed in 6209 bearings lubricated with (a) LiM-100-2.5 grease and (b) LiM-460-3 grease.

where the Brinkman number is 𝐵𝑟 ≈ −𝛽𝜂0𝑢2∕𝐾. Here, no slip condition
is assumed, i.e., slip-to-roll ratio SRR = 0, and 𝛽 is the temperature-
viscosity coefficient obtained from 𝜂 = 𝜂0𝑒−𝛽(𝑇−𝑇0), 𝑝𝑚 is the maximum
Hertzian pressure, and K is the thermal conductivity of the lubricant.
In our tests, 𝐶𝑇 varied from approximately 0.98 to 0.63.

At low speeds, the contribution of the grease thickener could also
be present in the contacts making the relative film thickness greater
than 1. The film thickness after the churning phase becomes almost
constant if the temperature, load, and speed are constant. This suggests
a quasi-static equilibrium between the oil loss from the contact and the
replenishment towards the contact. Also, we showed in our previous
publication [25] that the oil layer left on the track is independent of the
initial quantity of grease in the bearing, and that bleeding, therefore,
does not contribute to lubricant supply to the contacts immediately
after the churning phase. Following a power law equation, as found
by Cen and Lugt [5], Fig. 4 plots ℎ𝑔∕ℎ𝑓𝑓 vs. 𝜂𝑏𝑢. All the data points –
obtained from three bearing sizes and two grease types and shown in
Figs. 1, 2, and 3 – are included in Fig. 4, maintaining the same power
law relationship between relative film thickness and 𝜂𝑏𝑢.

4.1.1. Excluding vibration effects
Some scatter can be observed at mid-range values of 𝜂𝑏𝑢, particu-

larly for the 6204 bearing–LiM-460-3 grease combination (red round
points in Fig. 4). These points correspond to the vibrations-induced
film thickness increase readily observed in Fig. 1(b) at shaft speeds
higher than 6000 rpm. A slight shift is also seen in some points from the

Fig. 4. Variation of relative film thickness in 6204, 6206, and 6209 bearings lubricated
with LiM-100-2.5 (100 cSt) and LiM-460-3 (474 cSt) greases. Shaft speed range:
500–14 000 rpm.
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Fig. 5. Relative film thickness in 6204, 6206, and 6209 bearings lubricated with LiM-100-2.5 (100 cSt) and LiM-460-3 (460 cSt) greases.

6209 bearing–LiM-100-2.5 grease combination (purple rhombic points
in Fig. 4). These correspond to the upward shift seen in Fig. 3(a) at
speeds higher than 6000 rpm. Although vibration is an important film
replenishment-inducing phenomenon, it is an artifact from the test rig
setup, hence these points either need to be corrected [22] or removed
from subsequent analysis of the ℎ𝑔∕ℎ𝑓𝑓 vs. 𝜂𝑏𝑢 relationship.

In Ref. [22], we detailed how the vibrations in the test rig influence
the film thickness. Using an empirical model, we corrected the film
thickness to exclude the effects of vibrations. The corrected film thick-
ness for 6209 bearings lubricated with LiM-100-2.5 grease and with
513 N and 900 N loads are used in this paper as well. However, in this
study, vibration acceleration was not measured in other bearings, so we
are unable to perform film thickness correction. Hence, in subsequent
analyses, we exclude the data points described in the preceding para-
graph (i.e., film thickness measurements at speeds above 6000 rpm for
6204–LiM-460-3 and 6209–LiM-100-2.5-700 N, and for 6204–LiM-100-
2.5 at 7000–9000 rpm). Given we are primarily interested in identifying
any bearing dimension-related parameter that could contribute to film
formation and/or oil replenishment/loss, vibrations-induced artifacts
are extraneous.

4.2. Bearing size and film thickness

In Fig. 5, relative film thickness is plotted against 𝜂𝑏𝑢 for all the
three bearings tested with two greases under different loads. The power
law relationship obtained by curve-fitting the data is
ℎ𝑔
ℎ𝑓𝑓

= 0.0544 (𝜂𝑏𝑢)−0.2945 (2)

with a goodness of fit 𝑅2 of 86.25%. It is impressive to see all three
different bearings with different loads, different linear velocities, and
two different greases converge on a single power law curve.

This indicates that the size of the bearing does not have an impact
on the replenishment behavior in the bearing contacts.

The fully flooded film thickness ℎ𝑓𝑓 is calculated using the Hamrock
and Dowson equation where

ℎ ∝ 𝑢0.67

with a correction of inlet shear heating (Eq. (1)) where the speed-
dependency for somewhat higher speeds can be approximated by

𝐶𝑇 ∝ 𝑢−0.25

This gives

ℎ𝑓𝑓 ∝ 𝑢0.42 (3)

and therefore

ℎ𝑔 ∝ 𝑢0.12, (4)

showing the very weak dependency of speed at somewhat higher
speeds.

Eq. (2) is not validated for extremely low speeds. For low speeds
the film thickness will exceed the fully flooded ‘‘oil’’ film thickness but
maybe only to a limited value, given by thickener deposited layers or
the high viscosity of the grease at very small shear rates. The measure-
ments in [26,27] show that ℎ𝑔∕ℎ𝑓𝑓 could reach values of 1000! The
fact that the transition from fully flooded to starved is again solely de-
termined by the 𝜂𝑏𝑢 values strengthens the earlier conclusion from [5]
that replenishment in a ball bearing is local, and bearing geometry
parameters such as bearing width, and ball/groove diameter do not
play a role. Cann [15] speculated that the larger bearings would have
low oil replenishment because of the larger distance between the grease
reservoirs and the race-ball contacts. However, since bleed evidently
does not play a role in replenishing the contact in the early post-
churning phase, the distance between the reservoir and the race-ball
contact also does not affect the oil replenishment.

Okal et al. [17] found that the conformities of the bearing contacts –
the ratios of the inner and outer race groove radii to the ball diameter –
also play a role in determining the film. Each of our three bearings has
different outer ring conformities. In Ref. [17] conformity varied more
than in our standard bearings. Here, we do not see any influence of
conformity on the film thickness.

Due to the different bearing sizes, the centrifugal effect on the
lubricant flow is expectedly different but since the replenishment is
similar in all the bearings, this effect appears minimal. This was also
theoretically predicted by Van Zoelen et al. [23,28], who showed
that the flow induced by the EHL action is more dominant than the
centrifugal effects.

The film thickness in starved lubricated contacts depends mainly on
the oil layer thickness on the tracks [3,14]. Van Zoelen et al. [4,23,28]
showed that the oil layer thickness at the outlet of the EHL contacts,
distributes equally between the rolling contacts, facilitating equal oil
layer thickness in both the inner and outer rings of the bearing. The
convergence of the relative film thickness in all three bearings indi-
cates that the degree of starvation has the same dependence on the
combination of viscosity, load (via the half-contact width), and speed.

Based on the equation proposed by Chevalier and Damiens, ℎ∞ =
ℎ𝑔𝜌(𝑝)
2𝜌0

, which relates the film thickness ℎ𝑔 and the supply oil layer ℎ∞
near the contacts, we can estimate the thickness of the oil layer left on
the track after the churning phase. Here, the measured film thickness
after the churning phase ℎ𝑔 is taken as an input. The density 𝜌(𝑝) is
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Table 6
Thicknesses, in μm, of the oil layers left on the track after churning.

Grease 6204 6206 6209

LiM-100-2.5 0.304 0.352 0.375
LiM-460-3 0.365 0.291 0.397

a function of pressure via the Dowson and Higginson’s equation [29].
The oil layer thicknesses estimated after the churning phases for all the
bearings are listed in Table 6. The approximate thicknesses of the oil
layers left on the track for both the greases are slightly different for all
the bearings. For the LiM-100-2.5 grease, 6209 bearing has an oil layer
thickness 23% larger than 6204 bearing and about 6% larger oil layer
than 6206 bearing.

5. Conclusion

The main conclusion from this work is that the relative film thick-
ness for grease-lubricated ball bearings is a function of the product
of viscosity, half contact width, and speed 𝜂𝑏𝑢, a relationship that is
independent of bearing size.

Additional conclusions are:

• The film thickness at very low speeds is larger than that predicted
using the base oil viscosity.

• At moderate to higher speeds, film thickness becomes almost
independent of speed.

• Increasing load and viscosity increases the level of starvation.
• The transition to starvation (given by ℎ𝑔∕ℎ𝑓𝑓 < 1) can be

predicted using the 𝜂𝑏𝑢 values in all deep groove ball bearings.
• None of the bearing dimension-related parameters appears to

influence the oil replenishment under starved lubrication.
• Replenishment is a local phenomenon driven by the capillary

action.
• For axially loaded deep groove ball bearings, the relative film

thickness can be calculated using:
ℎ𝑔
ℎ𝑓𝑓

= 0.0544 (𝜂𝑏𝑢)−0.2945 (5)

• The speed dependency of the absolute film thickness at higher
speeds is very weak can be approximated as:

ℎ𝑔 ∝ 𝑢0.12, (6)
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Appendix. Grease churning: temperature and film thickness

Fig. A.6 shows the evolution of temperature and film thickness
during the churning phases in 6204 (Figs. A.6(a) & A.6(d)), 6206
(Figs. A.6(b) & A.6(e)), and 6209 (Figs. A.6(c) & A.6(f)) bearings.
The churning phase is the initial phase of grease lubrication after a
freshly grease-filled bearing starts running. It is typically characterized
by significant heat generation leading to high temperature rise. In
the measurement shown in the Appendix, the 𝑛𝑑𝑚 – the product of
rotational speed (rpm) and the mean diameter (in mm) – of all three
bearings is set to 0.26 million. The linear speed of all the bearings
is 6.5 m/s. The loads on the bearings are different for each bearing,
generating approximately equal Hertzian pressures (0.97 GPa–1.06
GPa). These figures show different peak temperatures during churning
for the differently sized bearings. In our previous paper [22], we
demonstrated that successive runs under the same conditions and with
the same grease can yield different churning durations in the same
bearing [6]. That, in addition to the different bearing housing and
contact dimensions yielding different thermal dissipation and friction
levels, may prevent direct comparison of these measured temperature
profiles. However, the churning temperature and film thickness profiles
provide remarkable results regarding the grease churning behavior in
the bearings.

During churning, the grease thickener contributes to film formation
even though the relative film thickness (ℎ𝑔∕ℎ𝑓𝑓 ) during this phase is
less than one (i.e., measured film thickness is less than the calculated
fully flooded film thickness). This is attributed to the high shear rate
at the inlet, dropping grease viscosity to that of its base oil. The film
thickness is primarily determined by the contact inlet conditions. The
high shear rate in this region could reduce the grease/base oil viscosity
significantly [30]. Thus, even when the relatively fresh grease is being
broken down (i.e, churned) in the film build-up, the film thickness can
still be starved.

The maximum shear rate at the inlet can be approximated using
the equation proposed by Dyson [30]: �̇�𝑚𝑎𝑥 = 3𝑢

2ℎ𝑐
, where 𝑢 is linear

velocity and ℎ𝑐 is central film thickness. The shear rates for the 6204,
6206, and 6209 bearings at their churning conditions are calculated
using the final measured grease film thicknesses as the central film
thicknesses, yielding 18.5 × 106 s−1, 16.7 × 106 s−1, and 17.1 × 106 s−1,
respectively. So also very similar. At such high shear rates, the grease
viscosity approaches the base oil viscosity. This confirms that base oil
properties are enough to estimate the film thickness at higher speeds.

After grease churning has finished in all the bearings, the film
thicknesses at different speeds and loads are measured. Post-churning
film thickness is nearly constant when temperature, load and speed are
held constant. A sample film thickness measurement for each bearing is
presented in Fig. A.7, showing the period during which the temperature
is controlled using the hot air flow. A 10-min average of the stable film
thickness profile yields the discrete data point used for analysis.

The entrainment velocity 𝑢 is obtained by the following equa-
tion [31]:

𝑢 =
𝑅𝑖𝜔𝑖
2

(
𝑅𝑖 + 𝑑
𝑅𝑖 + 0.5𝑑

)
(A.1)

where 𝑅𝑖 is the inner race radius, 𝜔𝑖 is the inner race angular velocity
(equal to the shaft rotational velocity), and 𝑑 is the ball diameter.
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Fig. A.6. LiM-100-2.5 grease churning results for 6204, 6206, and 6209 bearings.
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Fig. A.7. Example film thickness measurements. The film thicknesses shown here are measured at a controlled temperature of approximately 61 ◦C.

References

[1] Wedeven LD, Evans D, Cameron A. Optical analysis of ball bearing starvation. J
Lubr Technol 1971;93(3):349–61.

[2] Hamrock BJ, Dowson D. Isothermal elastohydrodynamic lubrication of point
contacts: Part IV—starvation results. J Tribol 1977;99(1):15–22.

[3] Damiens B, Venner CH, Cann P, Lubrecht A. Starved lubrication of elliptical EHD
contacts. J Tribol 2004;126(1):105–11.

[4] Van Zoelen M, Venner CH, Lugt PM. Prediction of film thickness decay in starved
elasto-hydrodynamically lubricated contacts using a thin layer flow model. Proc
Inst Mech Eng J: J Eng Tribol 2009;223(3):541–52.

[5] Cen H, Lugt PM. Replenishment of the EHL contacts in a grease lubricated ball
bearing. Tribol Int 2020;146:106064.

[6] Shetty P, Meijer RJ, Osara JA, Lugt PM. Measuring film thickness in starved
grease-lubricated ball bearings: an improved electrical capacitance method.
Tribol Trans 2022;65(5):869–79.

[7] Cen H, Lugt PM. Film thickness in a grease lubricated ball bearing. Tribol Int
2019;134:26–35.

[8] Cen H, Lugt PM. Effect of start-stop motion on contact replenishment in a grease
lubricated deep groove ball bearing. Tribol Int 2021;157:106882.

[9] Jacod B, Pubilier F, Cann P, Lubrecht A. An analysis of track replenishment
mechanisms in the starved regime. In: Tribology series. Vol. 36, Elsevier; 1999,
p. 483–92.

[10] Gershuni L, Larson MG, Lugt PM. Lubricant replenishment in rolling bearing
contacts. Tribol Trans 2008;51(5):643–51.

[11] Nogi T, Shiomi H, Matsuoka N. Starved elastohydrodynamic lubrication with
reflow in elliptical contacts. J Tribol 2018;140(1):011501.

[12] Nogi T. Film thickness and rolling resistance in starved elastohydrodynamic
lubrication of point contacts with reflow. J Tribol 2015;137(4):041502.

[13] Fischer D, von Goeldel S, Jacobs G, Stratmann A. Numerical investigation of
effects on replenishment in rolling point contacts using CFD simulations. Tribol
Int 2021;157:106858.

[14] Cann P, Damiens B, Lubrecht A. The transition between fully flooded and starved
regimes in EHL. Tribol Int 2004;37(10):859–64.

[15] Cann P, Lubrecht A. Bearing performance limits with grease lubrication: the
interaction of bearing design, operating conditions and grease properties. J Phys
D: Appl Phys 2007;40(18):5446.

[16] Chiu Y. An analysis and prediction of lubricant film starvation in rolling contact
systems. ASLE Trans 1974;17(1):22–35.

[17] Okal M, Kostal D, Sperka P, Krupka I, Hartl M. Effect of contact conformity on
grease lubrication. Lubricants 2022;10(11):289.

[18] Damiens B, Lubrecht A, Cann P. Influence of cage clearance on bearing
lubrication. Tribol Trans 2004;47(1):2–6.

[19] Liang H, Guo D, Ma L, Luo J. Experimental investigation of centrifugal effects
on lubricant replenishment in the starved regime at high speeds. Tribol Lett
2015;59:1–9.

[20] Lugt PM. Grease lubrication in rolling bearings. John Wiley & Sons; 2012.
[21] Heemskerk R, Vermeiren K, Dolfsma H. Measurement of lubrication condition in

rolling element bearings. ASLE Trans 1982;25(4):519–27.
[22] Shetty P, Meijer RJ, Osara JA, Lugt PM. Vibrations and film thickness in deep

groove ball bearings. Tribol Trans 2023;(1):2–6.
[23] Van Zoelen MT. Thin layer flow in rolling element bearings (Ph.D. thesis),

University of Twente; 2009.
[24] Gupta P, Cheng H, Zhu D, Forster N, Schrand J. Viscoelastic effects

in MIL-L-7808-type lubricant, Part I: Analytical formulation. Tribol Trans
1992;35(2):269–74.

[25] Shetty P, Meijer RJ, Osara JA, Pasaribu R, Lugt PM. Effect of grease
filling on the film thickness in deep groove ball bearings. Tribol Trans
2023;(just-accepted):1–12.

[26] Morales-Espejel GE, Lugt PM, Pasaribu H, Cen H. Film thickness in grease
lubricated slow rotating rolling bearings. Tribol Int 2014;74:7–19.

[27] Cen H, Lugt PM, Morales-Espejel G. On the film thickness of grease-lubricated
contacts at low speeds. Tribol Trans 2014;57(4):668–78.

117



Tribology International 197 (2024) 109748

9

P. Shetty et al.

[28] Van Zoelen M, Venner CH, Lugt PM. The prediction of contact pressure–
induced film thickness decay in starved lubricated rolling bearings. Tribol Trans
2010;53(6):831–41.

[29] Venner CH, Van Zoelen M, Lugt PM. Thin layer flow and film decay modeling
for grease lubricated rolling bearings. Tribol Int 2012;47:175–87.

[30] Dyson A, Wilson A. Film thicknesses in elastohydrodynamic lubrication by
silicone fluids. Proc Inst Mech Eng 1965-66;180:97–112.

[31] Spikes H. Basics of EHL for practical application. Lubr Sci 2015;27(1):45–67.

118 APPENDIX D



APPENDIX E

119



Film thickness in grease-lubricated deep groove ball bearings–a master curve

Abstract
Film thickness in a grease-lubricated bearing is a critical bearing operation parameter, yet there are no models

available to predict it. Our recent articles demonstrated that the relative film thickness (ℎ𝑔/ℎ 𝑓 𝑓 ) can be

predicted using the base oil viscosity (𝜂), half contact width (𝑏), and linear speed (𝑢) for any axially loaded

deep groove ball bearing. In this article, we extend this study to include radial loads and combined—axial and

radial—loads. Radial load application causes an additional replenishment in the unloaded zone, introducing

a new length variable 𝑧𝑟 and surface tension 𝜎. A universal power-law relationship between the relative film

thickness in a deep groove ball bearing and the non-dimensional number (𝜂𝑏𝑢)/(𝑧𝑟𝜎) for all loading and

grease lubrication conditions is presented for use in predicting film thickness.

KEYWORDS
Grease film thickness, Axial load, Radial load, Combined load, Electrical capacitance method, Rolling

Bearings.

INTRODUCTION

Rolling element bearings are some of the most important machine elements (1). The life of these bearings

is mainly determined by the quality of lubrication. The film thickness determines whether the surfaces of

the rolling elements will be separated enough to avoid metal-to-metal contact. Film thickness in grease-

lubricated bearings is strongly determined by the level of starvation.

There are a few equations to predict film thickness in a ball-disc contact under starved lubrication

conditions, proposed by Wedeven et al. (2), Hamrock and Dowson (3), Damiens et al. (4), and Van Zoelen

et al. (5). These equations are either based on the inlet meniscus distance from the contact center, or

the thickness of the oil layer on the track. This input parameter required by these models impedes the

calculation of the film thickness in actual bearing contacts where the oil layer thickness is not readily

obtainable. Currently, the grease film thickness in a bearing is estimated as a fraction of the base oil

film thickness. It is evident from experiments that grease film thickness can be larger than the base oil

film thickness at low speeds, almost equal to base oil film thickness at moderate speeds (6, 7), and a

further increase in speed can result in a lower film thickness than that of the base oil because of lubricant

starvation (8, 9). Being able to calculate the film thickness would help in selecting the right lubricant.

In a bearing, the film thickness is a function of the availability of oil in front of the rolling contacts in
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addition to the operating parameters, lubricant properties and bearing geometry (4). The availability of

lubricant around the contacts is mainly determined by the net lubricant supply towards the contacts via

replenishment and loss of lubricant from that region. The loss of lubricant from the contact in severely

starved contacts is primarily due to the side flow out of the Hertzian zone, side flow from the front of

contact, and partially due to centrifugal forces induced flow (5, 10, 11). Replenishment of the contact is

considered to be mainly dependent on capillary forces (9, 12–14). Cann et al. (14) studied the replenishment

of starved contacts on a ball-on-disc machine, proposing an empirical equation for relative film thickness.

Their proposed non-dimensional “starvation degree SD” parameter (𝜂𝑏𝑢/ℎ∞𝜎) to determine the degree

of starvation also needs the oil layer thickness ‘ℎ′∞ (14). Computational fluid dynamics (CFD) simulation

and experimental study on a ball-on-disc machine by Nogi et al. (15–17) and Fischer et al. (18, 19) showed

that the meniscus position, a function of lubricant availability, correlates well with the capillary number.

Based on a parametric study, an equation was proposed to find the film thickness—considering re-flow

and loss of lubricant—in a starved EHL contact. These models also require the oil layer thickness on the

track, an unknown parameter in bearings.

Inspired by the above-mentioned research, Cen and Lugt (20) studied the film thickness behavior in

grease-lubricated 6209 bearings under axial load conditions. They showed that the relative film thickness

(the ratio of grease film thickness to the calculated fully flooded base oil film thickness) depends only on

the product of base oil viscosity (𝜂), half contact width (𝑏), and linear speed (𝑢) (20). Our previous article

(21) also showed that after the churning phase, the film thickness does not depend on the initial amount

of grease in the bearing. This indicates that the oil layer thickness left on the track after churning will be

independent of the initial grease quantity and oil bleed from the side reservoirs (21). The film thickness

immediately after the churning phase depends solely on the oil flow dynamics in and around the contacts.

Furthermore, we (22) studied the film thickness in the differently sized 6209, 6206, and 6204 bearings

under axial loads and found that the 𝜂𝑏𝑢 concept holds well for any deep groove ball bearing. All these

studies were restricted to axially loaded bearings, where the load distribution is uniform among all balls.

In a bearing under a radial load, the load distribution among all the balls is not uniform. In fact, under

pure radial load, only a few balls are loaded, while the rest of the balls are unloaded depending on the

radial clearance and the magnitude of the applied radial load. This causes the balls to experience cyclic

loading and unloading conditions. These dynamic conditions also contribute to oil replenishment in the

contacts.

Cann et al. (9) simulated the loading and unloading action on a ball-on-disc machine and found that

the unloading action helped replenish the starved contacts. They argued that the unloading promotes the

reflow of the lubricants from the side unto the track due to surface tension effects. Jablonka et al. (23)

measured the film thickness in a radially loaded bearing lubricated with oil in fully flooded conditions

2
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using an electrical capacitance method. They showed that the film thickness varies along the circumference

of the bearing due to varying load distribution. So far, the film thickness in grease-lubricated bearings

under radial loads is not yet studied.

References (14, 16, 17, 24) also observed that, in addition to the base oil viscosity, the surface tension

of the base oil plays a vital role in determining film thickness. Åstöm et al. (25) write that replenishment

probably mainly takes place in the inlet by squeezing the ridges/side bands of oil formed by the preceding

ball.

In this study, we measure the film thickness under radial and combined (radial + axial) loads using two

different greases. Then, we will show that the product 𝜂𝑏𝑢 is enough to describe the level of starvation for

axially loaded bearings as was shown by Cen and Lugt (20) and our recent paper (22). Surface tension does

not vary enough between various lubricating oils and typical temperatures compared to speed, viscosity

and contact size to make it relevant to include it in a film thickness equation for (commonly used) greases.

Next we will show that this is not enough when a radial load is introduced.

MATERIALS AND METHODS

Lubricant grease

Two Lithium-thickened greases with similar NLGI consistency are chosen for this study. The grease with

base oil viscosity of 100 cSt at 40 ◦𝐶 is named ‘LiM-100-2.5’, and the one having base oil viscosity of

472.5 cSt at 40 ◦𝐶 is named ‘LiM-460-3’. More information about these greases is provided in Table 1.

Property LiM-100-2.5 LiM-460-3
Kinematic viscosity @ 40◦C (cSt) 102.8 474.5

Kinematic viscosity @ 100◦C (cSt) 10.3 31.4
Density @ 15◦C (g/cm3) 0.891 0.902

Pressure-viscosity coeff. @ 40◦C (GPa−1) 31.8 27.4
Surface tension @ 61◦C (N/m) 0.0171 0.0276

Thickener content (% mass) 13 17
𝐴𝑙𝑣 (N/m) 0.0330 0.0327
𝐵𝑙𝑣 (Pa.s) -0.0217 -0.0219

Table 1. Thickener contents of the greases used and their base oil properties. 𝐴𝑙𝑣 and 𝐵𝑙𝑣 are used in Pelofsky’s equation to determine surface
tension at various temperatures.

Film thickness measurement

The film thicknesses in specially modified—one ball steel while others ceramic—hybrid bearings are

measured using a device called ‘Lubcheck MK3’ developed by Heemskerk et al. (26). It uses an electrical

capacitance method to measure the film thickness. The test rig used to measure the film thickness is

outlined in our previous paper (27). In that study, only axial loads were applied. With an all-steel ball

3
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bearing under axial load, the film thickness at each ball-ring contact is the same, hence the total measured

capacitance is the sum of the capacitance contributions from all the balls. In this study, the film thickness is

measured under radial and combined–axial and radial–loads. When a radial load is applied to the bearings,

the loads on the rolling elements vary, hence, the capacitance (which is a function of film thickness) will

also vary at the rolling element-ring contacts. This variation under radial loads necessitates instantaneous

measurement of the film thickness at a single ball-ring contact. Therefore, we modified the 6209 hybrid

bearings; one of the hybrid bearing’s ceramic balls was replaced with a steel ball. Because the ceramic balls

are non-conductive, the measured capacitance is only from this steel ball, and it varies as the ball rolls from

the loaded/heavily loaded zone to the unloaded/low loaded zone. We are interested in the film thickness

in the heavily loaded zone which is the most susceptible to metal-to-metal contact. The capacitance value

corresponding to the highest loaded position is obtained using a peak-finding algorithm, and used for

further analysis (see Section 3.2.2 & 3.2.3 for details). The film thickness, via the measured capacitance,

is recorded at a frequency of 10 kHz in all tests. The procedure to obtain the film thickness from the

measured capacitance is explained in our previous publication (28). The schematic diagram of the special

bearing and the electrical connections are shown in Figure 1.

Figure 1. Hybrid bearing with single steel ball (dark gray) and electrical connections to measure film thickness.

All the tested bearings are filled up to 30 % of their free volume with grease and run at 4000 rpm for

about 100 hours to finish the churning process. Film thicknesses are measured after the churning phase

in a controlled temperature environment. Hot air at appropriate flow rates is used to hold the bearing

outer ring temperature at 61 ±0.5◦𝐶. Instantaneous film thickness is measured for about 10-15 minutes for

each speed. The film thickness becomes stable within 1-2 minutes after setting new speed/load conditions,

similar to our observation in the axially loaded bearings (21). The time average value of the measured

capacitance during this period is considered for further analysis. All measurements are repeated at least

twice, and the plotted error bars in the result plots are the standard deviations.
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Surface tension measurement

The surface tension of each base oil is measured with a Dynamic contact angles (DCAT) machine, using

a Wilhelmy plate method. Here, the oil is heated to a certain temperature, and a clean Wilhelmy plate is

immersed in the test lubricant. The force acting on the plate is measured. Using this force, the surface

tension of the lubricant can be calculated. A picture of the test rig is shown in Figure 2. The surface tension

of the liquid is measured at different temperatures, and the measurements are repeated at least twice.

Figure 2. DCAT machine with Wilhelmy plate to measure surface tension at different temperatures.
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RESULTS

Surface tension

The surface tension of the base oils 𝜎 varies with temperature and can be calculated using Pelofsky’s

equation (29):

𝑙𝑛 𝜎 = 𝑙𝑛 𝐴𝑙𝑣 + 𝐵𝑙𝑣
𝜂

(1)

where 𝜂 is the dynamic viscosity. 𝐴𝑙𝑣 & 𝐵𝑙𝑣 are constants specific for each liquid and are obtained by

curve-fitting Pelofsky’s equation with the experimentally measured surface tension at different tempera-

tures, with the dynamic viscosity calculated using Walther’s equation (30). The constants used and the

estimated surface tension at 61◦𝐶 are listed in Table 1. Figure 3 shows the measured surface tension and

the estimated surface tension at different temperatures. Notice that the surface tensions of the two base oils

are different at all temperatures. It is also evident that the surface tension decreases with temperature.
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Figure 3. Surface tension variation with temperature, measured and estimated from Pelofsky’s model.
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Film thickness

Axial load - a review

In reference (22), film thickness was measured in three different deep groove ball bearings of varying

sizes under axial load. The same two greases are also used in this article. It was observed that the film

thickness after the churning phase is almost steady. Film thickness increased with speeds similar to the

oil-lubricated contacts. Further increase in speed initiated starvation. The degree of starvation is measured

as the ratio of the measured grease film thickness (ℎ𝑔) to the fully flooded base oil film thickness (ℎ 𝑓 𝑓 )

calculated using Hamrock and Downson’s equation (3, 31) (see Equation 5 in appendix). We also consider

the inlet shear heating effect on the film thickness and correct it using the correction factor 𝐶𝑇 proposed

by Gupta et al. (32) (see Equation 6 in appendix). The relative film thicknesses at different speeds, loads,

greases, and bearings were found to be dependent only on the base oil viscosity, half-contact width, and

entrainment velocity, as shown in Figure 4. Via a curve fit, a power law relation between the relative film

thickness and the product 𝜂𝑏𝑢 was obtained as

ℎ𝑔

ℎ 𝑓 𝑓
= 0.0544 (𝜂𝑏𝑢)−0.2945 (2)

with 𝑅2 86%. Figure 4 plots the relative film thickness ℎ𝑔/ℎ 𝑓 𝑓 against 𝜂𝑏𝑢 for two different greases in

three different bearings at various loads and speeds. The fact that none of the bearing geometry-related

parameters are required to define the relative film thickness, indicates the influence of centrifugal force

on the loss/replenishment, and the replenishment in between the overrolling is not significant. Therefore,

we concluded from these results that oil replenishment is a local phenomenon. It was shown that the film

thickness does not reduce with speed up to moderately high speeds and its dependency on the speed in the

starved regime is minimal.

Radial load

Figure 5a shows an example of the calculated normal load distribution and the capacitance variation

along the bearing circumference for a radial load of 900 N. It is evident that the capacitance variation

follows the load distribution in the bearings. The film thickness is inversely proportional to the measured

capacitance, so the point of highest capacitance corresponds to the highest loaded point where the film

thickness is lowest. This point is used in subsequent analysis. Figure 5b shows the cyclic profile and the

peak values (green star) of capacitance considered. It can also be seen that the capacitance is relatively

stable at its minimum value (largest ball-outer ring gap) in the unloaded zone.

7
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Figure 4. Variation of relative film thickness with 𝜂𝑏𝑢 for axially loaded 6209, 6206, and 6204 bearings.
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Figure 5. (a) Calculated ball-ring normal load variation and capacitance signal at different angular locations as the steel ball moves along the
bearing circumference, (b) cyclic capacitance signal showing the selected peaks for a LiM-100-2.5 grease-lubricated 6209 bearing under 900 N
applied radial load.

Figure 6 plots the film thickness for radially loaded bearings lubricated with LiM-100-2.5 and LiM-

460-3 greases. The film thickness in the bearing lubricated with LiM-100-2.5 is measured up to 6000

rpm which corresponds to 0.39 million 𝑛𝑑𝑚 (𝑛𝑑𝑚 is the product of rotational speed 𝑛 in rpm and pitch

circle diameter 𝑑𝑚 in millimeters). The film thickness in the bearing lubricated with LiM-460-3 grease is

measured up to 4000 rpm corresponding to 0.26 million ndm.

At higher speeds, the temperature could not be lowered to 61±0.5◦𝐶 because of the higher heat
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(a) Lubricated with LiM-100-2.5 grease. (b) Lubricated with LiM-460-3 grease.

Figure 6. Film thickness variation with speed for radially loaded 6209 bearings lubricated with (a) LiM-100-2.5 grease and (b) LiM-460-3
grease.

generation from the high-viscosity base oils. For both grease types, the film thickness is measured under

700 N, 900 N, and 1200 N applied radial loads. The resulting contact load, half contact widths, and contact

pressure for the highest loaded ball is shown in Table 2.

Radial load Highest load 𝑎 (mm) 𝑏 (mm) Contact pressure (GPa)
700 N 414.8 N 0.1103 1.417 1.27
900 N 515.3 N 0.1186 1.523 1.36

1200 N 662.8 N 0.1290 1.656 1.48
Table 2. Applied radial load on the bearing and the resulting normal load on the highest loaded ball-ring contact, half contact widths across 𝑏
and along 𝑎 the running direction, giving ellipticity ratio = 0.0779) and contact pressure for 6209 bearing inner ring-ball contact.

The film thickness increases with speeds up to 2500 rpm for LiM-100-2.5 grease, and up to 1000 rpm

for the LiM-460-3 grease-lubricated bearing. Then the film thickness becomes almost constant with speed.

Similar to what we saw under axial loads, at low speeds, the contacts are still fully flooded hence the

film thickness increases with speed. But as the speed increases, contacts become starved, causing the film

thickness to deviate from its fully flooded condition behavior. When an EHL contact is severely starved, the

film thickness is primarily determined by the side flow, governed by the residence time and the over-rolling

frequency. As the speed increases, these two effects balance each other out, making film thickness almost

independent of speed (10, 28). Starvation in the LiM-460-3-greased bearing starts at speeds lower than

in the LiM-100-2.5 grease bearing. This is attributed to the higher viscosity of the base oil. In starved

contacts, higher viscosity makes it difficult to replenish the center of the contacts (14, 20). The overall

variation of the film thickness with speed under radial loads is similar to the film thickness evolution in

axially loaded bearings.
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Figure 7. (a) Load distribution and capacitance variation at different angular positions, (b) capacitance signal and the selected peaks for 6209
bearing lubricated with LiM-100-2.5 grease at 4000 rpm under the combined 900 N axial load and 500 N radial load.

Combined axial and radial load

When a ball bearing is subjected to both radial and axial loads, all the balls will be loaded but the

magnitude of the load varies for each ball depending on the position of the ball. Figure 7a shows the

normal load distribution (red plot) and the capacitance variation (black plot) at various angular positions

in the bearing when 900 N axial and 500 N radial loads are applied. The first of the pair of balls carrying

the lowest load is located at an angle of ±108 ◦ from the ball carrying the highest load. The capacitance

in the bearing also varies at different positions, correlating with the load distribution. Figure 7b shows an

example capacitance signal showing the selected peak values corresponding to the film thickness at the

highest loaded position considered for the analysis, similar to the radial load conditions.

The film thickness is measured for three sets of load combinations: 500 N axial load + 900 N radial load;

900 N axial load + 900 N radial load; and 900 N axial load + 500 N radial load. For each combination, the

resulting load on the highest-loaded ball, contact pressure, and contact widths are shown in Table 3.

Axial load Radial load Highest contact
load

𝑎 (mm) 𝑏 (mm) Contact pres-
sure (GPa)

500 N 900 N 587 N 0.124 1.590 1.42
900 N 900 N 658 N 0.129 1.652 1.47
900 N 500 N 478 N 0.116 1.485 1.32

Table 3. Applied combined (axial + radial) loads on the bearing and the resulting contact loads on the highest loaded ball, half contact widths
across 𝑏 and along 𝑎 the running direction, giving ellipticity ratio = 0.078) and contact pressures for 6209 bearing inner ring-ball contact.

The resulting film thickness as a function of speed for both greases is shown in Figure 8. Similar to the

axial and radial load results, the film thickness increases with speed and then becomes almost constant.

The film thickness of the LiM-460-3 grease is again higher than that of the LiM-100-2.5 grease-lubricated

bearing because of the higher viscosity of LiM-460-3 base oil. These results show that the overall film

thickness trend is the same for all three loading conditions (axial, radial and combined): After a critical
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(a) Lubricated with LiM-100-2.5 grease. (b) Lubricated with LiM-460-3 grease.

Figure 8. Film thickness variation with speed for combined axially and radially loaded 6209 bearings lubricated with (a) LiM-100-2.5 grease
and (b) LiM-460-3 grease.

speed, the film thickness becomes constant.

In the next section, we will correlate the relative film thickness with different parameters derived from

the base oil properties, operating conditions, and bearing deflections.
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Figure 9. Variation of relative film thickness with 𝜂𝑏𝑢 for (a) radially loaded bearings and (b) combined axially and radially loaded 6209
bearings and lubricated with LiM-100-2.5 grease and LiM-460-3 grease.

Relative film thickness—the effect of surface tension

Cen and Lugt (20) and our previous article (22) showed that for axially loaded bearings, the relative film

thickness ℎ𝑔/ℎ 𝑓 𝑓 has a power law relationship with 𝜂𝑏𝑢. Here, we will show that this relation no longer

holds for radial and combined loads. Figure 9 plots relative film thickness against 𝜂𝑏𝑢, unlike for axial

loads (see Figure 4), the relative film thicknesses do not merge into a single power law relationship with

𝜂𝑏𝑢 for radial and combined loads. Each grease (LiM-100-2.5 or LiM-460-3) exhibits a distinct power law

relationship.

This difference can be explained by the difference in contact loads in the radial and combined load

situations. Here, the ball experiences continuous loading and unloading during each ball revolution, unlike

in the axially loaded condition where the contact load is constant. Due to this loading and unloading cycle,

the oil replenishment due to the capillary action is anticipatorily higher. Observations in the ball-on-disc

experiments by Cann et al. (9) showed that during unloading, the film thickness reached the fully flooded

value. They related the reflow of the lubricant to 𝜂𝑏/𝜎. With similar considerations, Figure 10 shows the

variation of the relative film thickness when surface tension 𝜎 is included as an independent variable along

with 𝜂𝑏𝑢 for axial, radial, and combined load conditions. Now, for both radial (Figure 10b) and combined

load (Figure 10c) conditions, the relative film thicknesses of both greases merge into a single power law

relationship. In the next section, we will explain the physical mechanism of the surface tension effect under

radial loads including oil replenishment in the unloaded zone.
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Figure 10. Variation of relative film thickness with 𝜂𝑏𝑢/𝜎 for (a) axially, (b) radially, and (c) combined axially and radially loaded bearings
lubricated with LiM-100-2.5 and LiM-460-3 greases.
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DISCUSSION

The bearing dynamics under radial loads and combined loads are not the same as under axial loads only.

In the presence of radial loads, the load carried by each ball along the circumference of the bearing varies

depending on the position of the ball. In purely radially loaded bearings, only some of the balls (in the

loaded zone) carry the load and the rest of the balls (in the unloaded zone) do not carry any load (see

Figure 5a). In combined load conditions, all the balls are loaded but the load distribution is not uniform

(see Figure 7a). This yields variations in the side flow and replenishment as ring-ball contact width changes

along the bearing circumference.

As mentioned in the introduction, contact replenishment is given by the capillary pressure and the

hydraulic resistance. The capillary pressure is determined by the surface tension of the lubricant and the

‘fluid curvature’, which is given by the gap between the ball and ring outside the Hertzian contact. In

the highest loaded contact, this curvature is expected to be highest due to the smallest gap and the total

resistance largest because of the large distance between the side of contact and the center of it but when

the ball moves to a position where the contact load is lowest (therefore highest gap), the fluid curvature

decreases and the length over which replenishment needs to take place shortest. Therefore an increase in

oil replenishment in this lowest-loaded position is observed. The dependency of the hydraulic resistance

on the gap is much higher than that of the capillary pressure. Since all the balls are equally loaded in

axially loaded bearings, the gap is constant, hence, the capillary pressure is the same at all the contacts.

Therefore, we did not need to include surface tension in determining the level of starvation under axial loads.

To show the difference in behavior we plot all the relative film thicknesses measured so far—for axial

loads (all three bearings), radial loads, combined loads, and both greases—vs 𝜂𝑏𝑢/𝜎 in Figure 11.

Three distinct curves are evident, implying that for the same 𝜂𝑏𝑢/𝜎 in the highest loaded contact, the

starvation degree is different for different loading types. The starvation degree in axial > combined >

radial loading conditions.

The radial gap effect

The radial load does not only cause a varying Hertzian contact width 𝑏 along the circumference but also a

varying gap between the ball and the outer ring groove leading to a varying capillary pressure and available

oil volume for replenishment. We quantify this effect by defining a gap (𝑧𝑟 ), the radial distance between

the apex of the lowest-loaded ball and the outer ring groove, as shown in Figure 12. While other locations

could have been chosen, for convenience, we have chosen the apex of the ball as the reference point in

determining the radial distance between the ball and the groove.
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Figure 11. Relative film thickness ℎ𝑔/ℎ 𝑓 𝑓 vs 𝜂𝑏𝑢/𝜎 for all three different loading types.

(a) Radial load (b) Axial load and combined loads

Figure 12. Ball-ring diagram showing the gap 𝑧𝑟 between the top of the ball and the outer ring groove

For radial load conditions, this gap is given by 𝑧𝑟 = 𝑃𝑑 + 𝛿𝑖 + 𝛿𝑜, where 𝑃𝑑 is the diametrical clearance,

𝛿𝑖 and 𝛿𝑜 are the inner ring and outer ring-ball contact deformations, respectively. As the radial load

increases, further deforming the contacts, the gap 𝑧𝑟 also increases. For axially loaded and “combined”
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loaded bearings (see Figure 12b) estimating this gap requires some more parameters. With the application

of axial load, the ball shifts axially and its vertical central axis forms an angle with the contact normal,

commonly called the contact angle. When combined axial and radial loads are applied, there will be

angular, axial and radial displacements of the inner ring. Based on these variables, the ball position with

respect to the outer ring groove position can be calculated. A detailed description of this calculation is

in reference (33) and in our previous article (27). Once the position of the ball is known, the gap can be

calculated by assuming that the ball is perfectly spherical away from the Hertzian contact allowing the use

of the equation of a circle. The outer ring is stationary while the inner ring moves. For this (static) analysis,

centrifugal force is neglected, hence the contact angles in the inner ring-ball contact and the outer ring-ball

contact are assumed to be equal.

For purely axial load, 𝑧𝑟 is the same for all the balls, whereas, this will vary for combined axial and

radial load conditions. We calculated 𝑧𝑟 for all the balls along the bearing circumference considering their

contact angles, loads, elastic deformations, etc, and found that the distance 𝑧𝑟 (𝜃) is highest in the radially

opposite position to the highest loaded ball, i.e., 𝑧𝑟 (𝜃) is maximum (in the unloaded zone) at 180 degrees

from the highest-loaded ball. An example calculation for combined load condition is shown in Figure 13,

for comparison with the load distribution in Figure 7. Given its significance in replenishment, only the

maximum value of 𝑧𝑟 is used in subsequent analysis.
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Figure 13. Vertical distance between the top of the ball and the outer ring groove for all the balls in the bearing for combined load comprising
an axial load of 900 N and a radial load of 500 N in a 6209 bearing.

Table 4 presents the maximum gap 𝑧𝑟 calculated for all the bearings at different loads. For axial loads,

𝑧𝑟—which is a function of bearing size via the clearance—does not vary much in each bearing, whereas

for radial loads, 𝑧𝑟 varies significantly and linearly with load. Recall that the film thickness measurements

for radial load conditions showed little to no dependency on load magnitude (see Figure 6). In the starved
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lubrication regime, as the load increases, the starvation level also increases proportionally to the contact

width: when the contact width grows, the flow of lubricant towards the center of the contact becomes more

difficult. However, for radial loads, as the load increases, the gap 𝑧𝑟 also increases, facilitating additional

replenishment which balances out the adverse effect of increasing contact width, thereby making the film

thickness minimally dependent on applied load (as shown in Figure 6).

Bearing Axial load (N) Radial load (N) 𝑧𝑟 (𝜇m)
6209 513 0 10.00
6209 700 0 10.16
6209 900 0 10.30
6206 310 0 7.50
6206 460 0 7.65
6206 620 0 7.80
6204 300 0 8.27
6204 400 0 8.43
6204 500 0 8.57
6204 600 0 8.72
6209 0 700 37.62
6209 0 900 39.28
6209 0 1200 41.52
6209 500 900 26.95
6209 900 900 25.31
6209 900 500 20.15

Table 4. Applied loads on different bearings and the calculated ball-outer ring groove gaps 𝑧𝑟 .

Film thickness model for radial loads

Increasing 𝑧𝑟 allows for more lubricant around the contact, reducing the starvation level, hence, film

thickness starts to depend less on the applied load as the severity of starvation decreases. In fully flooded

conditions, it is least dependent on the load. Therefore, under radial and combined load conditions (the

latter only for LiM-100-2.5 grease-lubricated bearing), we do not see distinct load dependency. To verify

this, we remove the load effect by neglecting contact width 𝑏 as an independent variable. Figure 14 plots

relative film thickness against the capillary number 𝜂𝑢/𝜎 (neglecting contact width 𝑏 which changes with

applied load) for three different radial loads and both LiM-100-2.5 and LiM-460-3 greases, with a power

law curve fit that yields 𝑅2 = 0.93. Comparing this to the 𝑅2 = 0.92 obtained from Figure 10b (which

includes load effects via contact width 𝑏) shows that we can determine the relative film thickness in radially

loaded bearings without including 𝑏. The empirical equation of Figure 14 fit is

ℎ𝑔

ℎ 𝑓 𝑓
= 1.8

(𝜂𝑢
𝜎

)−0.31
. (3)

The fact that, now, the contact width 𝑏 is not important shows that the replenishment in the radially
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Figure 14. Relative film thickness as a function of capillary number (𝜂𝑢/𝜎) for three different radial loads and two different greases.

loaded bearing is dominated in the unloaded region. However, given this does not apply in the presence

of axial loads, we next introduce a non-dimensional parameter to render a more universal expression

including all the active mechanisms in all load conditions, such as the opposing effects of applied load on

contact width 𝑏 and radial gap 𝑧𝑟 .

Film thickness master curve

The relative film thickness ℎ𝑔/ℎ 𝑓 𝑓 is an indicator of the level/degree of starvation: if the level of starvation

is high, ℎ𝑔/ℎ 𝑓 𝑓 is low, and vice versa. Starvation is given by the balance of side-flow out from the Hertzian

contacts and replenishment by capillary effects. This is given by the viscosity 𝜂, speed 𝑢, contact width 𝑏

and surface tension 𝜎 but also by the available volume, given by the gap parameter 𝑧𝑟 .

Considering the significance of the above effects and mechanisms, we present relative film thickness

as a function of non-dimensional starvation parameter 𝜂𝑏𝑢/(𝑧𝑟𝜎) in Figure 15. This plot includes the

film thickness measured on the three different bearings, at the different load magnitudes and types (axial,

radial and combined), for both greases tested. A master curve fit yields a power law relation, rendering a

universal expression for the relative film thickness as

ℎ𝑔

ℎ 𝑓 𝑓
= 7.305

(
𝜂𝑏𝑢

𝑧𝑟𝜎

)−0.34
(4)

with 𝑅2 = 87.7%. These results indicate that the film thickness in a grease-lubricated bearing immedi-

ately after the churning phase is primarily determined by the dynamics of the oil flow around the contacts.
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Figure 15. Relative film thickness as a function of non-dimensional starvation parameter 𝜂𝑏𝑢/(𝑧𝑟𝜎) .

The film thickness does not depend on the grease bleed rate or the grease rheological properties.

The overall dependency on speed is lower than that under fully flooded conditions as discussed in our

recent paper (22). The film thickness dependency on the applied load magnitude varies with the load type.

When the bearings are axially loaded, the relative film thickness decreases with the load since the contact

width increases but 𝑧𝑟 does not vary considerably. But for applied radial loads and combined loads, as the

radial load increases, the gap 𝑧𝑟 also increases, nullifying the load effect on contact width and resulting in

the reduced dependency. Figure 16 compares the gap 𝑧𝑟 with the contact width 𝑏, showing a near-linear

relationship. This explains why equation 3 does not contain the contact width 𝑏 but includes surface tension

𝜎.
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Figure 16. Radial gap 𝑧𝑟 vs contact width 𝑏 showing a linear proportionality for a 6209 bearing under 700 N, 900 N, and 1200 N radial loads.
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CONCLUSION

This study showed that the film thickness in grease-lubricated ball bearings immediately after the churning

phase is primarily determined by the dynamics of the oil flow in and around the contacts. In this phase, film

thickness does not depend on the oil bleed. The base oil viscosity is the grease property that determines the

film thickness for NLGI 2 greases (good quality ball bearing greases). This resulted in a universal relative

film thickness model for grease-lubricated deep groove ball bearings under axial, radial and combined

loads:

ℎ𝑔

ℎ 𝑓 𝑓
= 7.305

(
𝜂𝑏𝑢

𝑧𝑟𝜎

)−0.34

This model includes all the identified active mechanisms and applies to both small and medium sized

bearings.

For axial loads only, 𝑧𝑟 does not vary very much with load and the significance of a varying surface

tension is much less relevant. For pure axial load this equation reduces to:

ℎ𝑔

ℎ 𝑓 𝑓
= 0.0544 (𝜂𝑏𝑢)−0.2945

For radial loads only, the relative film thickness reads:

ℎ𝑔

ℎ 𝑓 𝑓
= 1.8

(𝜂𝑢
𝜎

)−0.31
.

Here the ratio of contact width 𝑏 to radial gap 𝑧𝑟 is excluded because both parameters are linearly

dependent on each other.

Some additional conclusions are:

• Film thickness dependency on speed in starved conditions is lower than in fully flooded conditions.

• Film thickness dependency on applied load magnitude is different for axially loaded bearings and

bearings with radial loads.

• The starvation level depends on the base oil viscosity and surface tension.

The above hold for lubrication after the churning phase, before commencement of oil bleeding from the

grease reservoirs.
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NOTATION

Nomenclature

𝛼 Viscosity–pressure coefficient [Pa−1]

𝛽 Temperature-viscosity coefficient [1/◦𝐶]

𝛽′ Contact angle [deg]

𝛿𝑖 Elastic deformation in ball-inner ring contact [m]

𝛿𝑜 Elastic deformation in ball-outer ring contact [m]

𝜂 Dynamic viscosity of the base oil [Pa s]
𝜎 Surface tension [Nm−1]

𝑎 Half contact along the rolling direction [m]
𝐴𝑙𝑣 Experimentally determined constant in Pelofsky’s equation [Nm−1]
𝑏 Half contact width across the rolling direction [m]
𝐵𝑙𝑣 Experimentally determined constant in Pelofsky’s equation [Pa s]
𝐵𝑟 Brinkman number [/]

𝐶𝑇 Non-dimensional thermal correction factor [/]

𝐸 ′ Reduced elastic modulus [Pa]
𝐹 Load on the contact [N]
𝐺 Dimensionless material parameter 𝐺 = 𝛼𝐸 ′ [/]
ℎ𝑔 Grease film thickness [m]
ℎ𝑐 Central film thickness [m]
ℎ 𝑓 𝑓 Fully flooded film thickness [m]
𝐾 Thermal conductivity of the lubricant [𝑊𝑚−1◦𝐶−1]

𝑘𝑑 Ellipticity parameter 𝑘𝑑 = 1.03
(
𝑅𝑦

𝑅𝑥

)0.63
[/]

𝑃𝑑 Diametrical clearance [m]

𝑝𝑚 Maximum Hertzian pressure [Pa]

𝑅𝑥 Reduced radius in the direction of motion [m]
𝑅𝑦 Reduced radius normal to the direction of motion [m]
𝑆𝑅𝑅 Slip-to-roll ratio [/]

𝑈 Dimensionless speed parameter𝑈 = 𝜂𝑢
2𝐸′𝑅𝑥

[/]
𝑢 Entrainment velocity (average velocity) [m s−1]
𝑊 Dimensionless load parameter𝑊 = 𝐹

𝐸′ (𝑅𝑥 )2 [/]
𝑧𝑟 Radial distance between the ball top and the outer ring groove [m]
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APPENDIX

Fully flooded film thickness is calculated using Hamrock and Downson’s film thickness equation

ℎ 𝑓 𝑓 = 2.69𝐶𝑇𝑅𝑥𝑈
0.67𝐺0.53𝑊−0.067(1 − 0.61𝑒−0.73𝑘𝑑 ). (5)

Here 𝑅𝑥 is the reduced radius in the x direction (along rolling direction), 𝑘𝑑 is the ellipticity parameter,

𝐺,𝑈, and𝑊 are dimensionless material, speed, and load parameters, respectively.

𝐶𝑇 is a correction factor for the inlet shear heating effect given by

𝐶𝑇 =
1 − 13.2(𝑝𝑚/𝐸 ′)𝐵𝑟0.42

1 + 0.213(1 + 2.23𝑆𝑅𝑅0.83)𝐵𝑟0.64 . (6)

Where 𝐵𝑟 is the Brinkman number given by 𝐵𝑟 ≈ −𝛽𝜂0𝑢
2/𝐾 . We assumed no slip condition, hence

𝑆𝑅𝑅 = 0, 𝛽 is the temperature-viscosity coefficient obtained from 𝜂 = 𝜂0𝑒
−𝛽 (𝑇−𝑇0 ) , 𝑝𝑚 is the maximum

Hertzian pressure, and 𝐾 is the thermal conductivity of the lubricant
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ABSTRACT
The film thickness decay of grease-lubricated bearings is determined by a loss of lubricant from
the bearing. One of these loss mechanisms is base oil evaporation. In this article, a model is pre-
sented for evaporation where the volatiles leave the bearing by breathing. The model is applied
to a typical drive cycle where the temperature is varied in time. The impact of the volatility of
base oils and quality of sealing on the evaporation losses can be quantified with this model.
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Introduction

Evaporation is a mass transfer process in which a material
from the liquid state will transform into a gaseous state
below the boiling point (1, 2). This is particularly relevant in
grease-lubricated bearings because of the limited volume of
oil in the “grease reservoir” that is available for lubrication.
Besides oxidation and leakage, evaporation is considered to
be one of the loss mechanisms that would have an impact
on the grease life in rolling bearings (3). The prediction of
the evaporation rate becomes particularly important for pre-
dicting the bearing performance at higher temperatures and/
or long times. After all, grease-lubricated bearings are run-
ning in starved lubrication conditions, where the film thick-
ness is determined by the availability of oil in the inlet.
Evaporation of lubricant is one of the mechanisms that will
have an impact on this. In addition, because the oil is usu-
ally a mixture of components having different properties,
unequal evaporation of oil components may also change the
properties of the oil such as the viscosity (4). The variation
in viscosity could lead to a change in the film thickness,
wear, and friction (4).

It is estimated that within a year, 1ml of mineral oil
could be lost per square centimeter if the oil is kept at 60

�

C and in a vacuum (5, 6). Therefore, many researchers have
been working on this topic, particularly those studying bear-
ings for space and hard discs.

In general, the evaporation rate of an oil layer will
depend on the oil layer film thickness, molecular weight,
and functional groups. Very often a pragmatic approach is
followed. To our knowledge, the first study on evaporation
loss of lubricants from bearings was conducted by Booster

and Baker (7) and Mahneke and Schwartz (8) in the 1970s.
They studied the evaporative loss from bearings with differ-
ent seals and used the empirical equation from Mahncke
and Schwartz (8):

E ¼ 1� exp � t
3600a

� �b
 !

, [1]

where E is the ratio of evaporated and original oil present in
the grease. a and b are parameters that depend on the tem-
perature, grease type, and experimental conditions, for
which the values had to be experimentally determined.
Booster and and Baker (7) tested the evaporation of grease
to predict the evaporation loss for 4,000 h. They found that
the evaporation becomes significant for petroleum greases
when the temperature is above 100

�
C. The evaporation loss

for silicone oils was not significant. Application of these
evaporation measurements to running bearings is not trivial.
For example, other than in bearings, which are sealed off,
their tests were conducted in an open, well-ventilated envir-
onment (9).

Evaporation also plays a role in modeling oxidation
where large molecular weight molecules are transferred into
low molecular weight molecules, which are much more vola-
tile, as modeled by Naidu et al. (10). The evaporation rate
in this work was estimated by a zero-order kinetic equation
and the evaporation rate constant was determined experi-
mentally. This rate constant was found to follow an
Arrhenius relationship with the temperature.

Other available models for the evaporation of oil were
developed specifically for magnetic recording systems. The
experimental studies on the lubricant depletion from the
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magnetic drive systems by Tagawa et al. (12, 13) have shown
that when the oil layer thickness is very thin—that is, on in
the order of thickness of a monolayer (12), so typically less
than 100 nm thickness—the vapor pressure will be attributed
to the disjoining pressure (14–17). This change of saturated
vapor pressure due to the disjoining pressure can be estimated
from the Gibbs-Duhem equation (15, 18). For thicker layers,
the influence of disjoing pressure can be disregarded; hence,
the evaporation loss can be estimated from TGA
measurements.

Although some inspiration can be obtained from these
models, using them without suitable adaptations for bearing
applications is not possible. For “normal” rolling bearing
applications, the oil layers are thicker than those of mono-
layers, so the evaporation from very thin layers will not be
addressed here. The evaporation rate can therefore be
assumed to depend on the surface area, temperature,
molecular weight, saturated vapor pressure, and vapor pres-
sure of the lubricant only. The vapor pressure depends on
the expulsion rate of evaporated products (volatiles). This is
determined by diffusion and by flow caused by “breathing
of the bearing.” Breathing is the process of a pressure-driven
flow, in and out of the bearing, caused by expansion and
shrinkage of air and volatiles inside the free volume of the
bearing, which is a result of the generation of volatiles itself
but also by temperature fluctuations. This breathing will
accelerate the evaporation of the base oil due to a reduction
of the concentration of volatiles inside the bearing. Volatiles

may also escape through the gap between the seal and inner
ring in the absence of a pressure drop. In that case, migra-
tion is caused by a concentration difference of volatiles
inside the bearing and outside the bearing. This can be
described as a diffusion process and can also be called
breathing. In this article, we will address all three processes.

General evaporation models for liquids

There are a variety of methods and theories that can be
used to calculate the evaporation rate of liquids. The com-
monly used methods are based on the kinetic, diffusion, or
mass transfer theories (19–21). In this section, these models
will be discussed briefly, followed by selection of the model
that will be used in our study.

Model based on kinetic theory of gas

In 1882, Hertz (22) came up with an equation for evapor-
ation using the classical kinetic theory of gases. He con-
cluded that “every substance will have a maximum
evaporation rate, which depends only on the temperature of
the surface and on properties of the substance” (21, 22). His
equation describes the relation between the molecular weight
of the liquid and the saturated vapor pressure as a function
of the temperature (22, 23). The evaporation rate can be cal-
culated from the frequency of collisions between the vapor
molecules and the liquid surface (21, 24).

Nomenclature

A Surface area for oil layers inside the bearing ½m2�
Agap Surface area of the gap between shield and inner

ring ½m2�
B Bearing width ½m�
b Shield thickness ½m�
C Concentration ½mol=m3�
Cv Concentration of volatiles ½mol=m3�
Ca Concentration of air molecules ½mol=m3�
d Bore diameter ½m�
Do Outer diameter of the bearing ½m�
D Diffusion coefficient ½m2:s�1�
E Ratio of evaporated and original oil present in the

grease [-]
K Mass transfer coefficient ½m:s�1�
m Molar mass ½kg=mol�
M Bearing mass ½kg�
N Evaporation mass flux ½kg=m2:s�
n Number of moles of gas [mol]
nv Number of moles of volatiles [mol]
nv, lost Number of moles of volatiles lost from the bearing [mol]
na Number of moles of air molecules [mol]
na, lost Number of moles of air molecules lost from the bear-

ing [mol]
p Pressure ½Pa�
patm Atmospheric pressure ½Pa�
pv Vapor pressure ½Pa�
pv, sat Saturated vapor pressure ½Pa�
pref , sat Saturated vapor pressure ½Pa�
t Time ½s�
T Temperature ½K�
Ta Atmospheric temperature (air outside bearing) ½K�
TA Arrhenius temperature ½K�

Tl Liquid-phase temperature ½K�
Tv Vapor-phase temperature ½K�
Tref Reference temperature for saturation pressure determin-

ation ½K�
Tr, ref Reference temperature for evaporation coefficient deter-

mination ½K�
R Gas constant ½J:mol�1:K�1�
V Volume ½m3�
Vb Free volume in bearing ½m3�
a Evaporation constant
b Evaporation constant
vv Mole fraction of volatiles vv ¼ nv=ðna þ nvÞ
va Mole fraction of air molecules va ¼ na=ðna þ nvÞ
g Dynamic viscosity ½Pa � s�
� Kinematic viscosity ½mm2=s�
r Evaporation coefficient
re Evaporation coefficient
rc Condensation coefficient
rref Reference evaporation coefficient
Dh Enthalpy of vaporization
DHobs Constant
DSobs Constant
d Diffusion length ½m�
qb Density of the bearing material ½kg=m3�

Subscripts
B Subscript denoting “breathing” by temperature increase -
diff Subscript denoting diffusion through the seal gap -
E Subscript denoting evaporation -
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The equation for the evaporation rate from Hertz was
further improved by Knudsen (27) (21, 23, 25) . He noticed
that the evaporation rate was over estimated by Hertz’s the-
ory. He argued that a molecule that hits the surface would
not necessarily condense but could also bounce back. The
evaporation rate will therefore always be lower than pre-
dicted from Hertz theory. To accommodate this, he intro-
duced evaporation and condensation coefficients in the
evaporation expression given by Hertz

N ¼
ffiffiffiffiffiffiffiffi
m
2pR

r
re

pv, satffiffiffiffi
Tl

p � rc
pvffiffiffiffiffi
Tv

p
� �

, [2]

where N is the evaporation mass flux, m is molar mass, R is
the gas constant, pv, sat is the saturated vapor pressure, pv is
the vapor pressure, Tl is the liquid phase temperature, and
Tv is the vapor-phase temperature. rc and re are condensa-
tion and evaporation coefficients, respectively, with values
ranging from 0 to 1. In practice, the liquid and vapor tem-
peratures will be almost identical, so Tl ¼ Tv ¼ T: Very
often (25,28,29), this equation is further simplified by
assuming re ¼ rc ¼ r, giving

N ¼ r

ffiffiffiffiffiffiffiffiffiffiffi
m

2pRT

r
pv, sat � pvð Þ: [3]

Here r is called the evaporation coefficient, sometimes also
referred to as the accommodation coefficient (25). In 2012,
Zhou et al. (18) experimentally showed that this evaporation
coefficient follows an Arrhenius temperature relationship
and proposed the following equation:

rðTÞ ¼ exp DHobs � TDSobsð Þ: [4]

Here DHobs and DSobs are constants. These are experimen-
tally determined and are not related to enthalpy and entropy
as suggested by their symbols (18).

Evaporation model based on diffusion theory

In the absence of convection, evaporation will be limited by
diffusion in the gas phase. This was addressed by Maxwell
in 1877 ( 26 , 30 ), who studied the evaporation of a station-
ary droplet . This process is referred to as “diffusion-con-
trolled evaporation” (30). The diffusion rate is usually
estimated using Fick’s first law (19, 20, 30). The following
relation was used by Karis and Nagaraj (21) to derive the
vapor pressure pv from the evaporation measurements in a
nitrogen environment:

N ¼ D
d

m
RT

� �
pv, sat: [5]

Here D is the diffusion coefficient and d is the diffusion
length. Note that this equation is quite similar to Eq. [3].
However, including a condensation term is not pos-
sible here.

Sometimes this diffusion equation [5] is further simplified
by replacing the ratio of diffusion coefficient and diffusion
length by a constant K, which is called the “mass transfer
coefficient” and the model a “mass transfer model.” This
model has been applied to “oil spill evaporation,” where the
evaporation of oil from very thin layers on water is calcu-
lated (31) :

N ¼ K
mpv, sat
RT

: [6]

Evaluation of the evaporation models

There are more models that can be used to predict the evap-
oration rate of oils, such as models based on the statistical
rate theory (25, 32), which are still under development and
are complex. These go beyond the scope of this article, in
which we will use an engineering approach.

To estimate the evaporation loss of base oil from grease in
a bearing, we have selected the Hertz-Knudsen model, Eq. [3].
This is because the surface speeds in a rotating bearing are
generally quite high and it is assumed that by perfect mixing
all evaporated molecules are distributed in a uniform manner
within the bearing volume and that there will be no concen-
tration gradients near the evaporation surface. This means
that the evaporation rates will not be determined by diffusion.
Because of these high speeds, the diffusion length (Eq. [5])
will approach zero. Applying the diffusion model would only
be appropriate for bearings running at very low speed.
However, in that case the temperatures are usually lower and
evaporation is therefore less relevant for those conditions.

Evaporation loss model for rolling bearings

Bearing configuration

The model that will be outlined here describes evaporation in
shielded bearings; that is, bearings that are sealed by noncon-
tacting seals. This means that there is a thin gap between the
seal and the inner ring; see Fig. 1. This gap may be closed by
grease or bled oil. This closure is very “fragile,” though. Even

Figure 1. Schematic representation of the bearing.
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though it is sealed by the grease, there will often be a very nar-
row gap that will allow some transport of volatiles from the
free volume of the bearing into the atmosphere.

Evaporation will take place from the surface of the grease
itself. After all, grease consists mainly (80–90%) of base oil. In
addition, it will occur from the very thin base oil layers that
are formed on the functional surface of the bearing by grease
bleed (33). The oil layers on the grooves and rolling elements
are sheared/overrolled, so it may be assumed that the surfaces
of these layers are regularly “refreshed.” Evaporated oil from
these layers will be replenished with bled oil from the grease.
The films are thin but sufficiently large (thickness on the
order of magnitude 0.2 lm) to neglect the effect of disjoining
pressure on the vapor pressure. Hence, it is assumed that the
total surface area inside the bearing is covered with a layer of
base oil or grease from where evaporation takes place. This
surface area, denoted here by A, can be calculated by taking
the sum of the surface areas of the inner ring, outer ring,
shield, and rolling elements. The dimensions that are needed
to calculate this for standard bearings can be found in rolling
bearing catalogs such as SKF (34).

Evaporation model

Evaporation will take place from the surface into the free
volume of the bearing, Vb, which can be approximated by
using the bearing mass and outside dimensions:

Vb ¼ p
4
B D2

o � d2
� ��M

qb
, [7]

where B is the bearing width, d is the bore diameter, Do is
the outer diameter, M is the mass of the bearing, and qb is
the density of the bearing material (qb ¼ 7, 800kg=m3 for a
full-steel bearing).

The evaporation rate is determined by the vapor pressure,
which is again determined by the concentration of volatiles
inside the free volume. Evaporation will increase the vapor
pressure and therefore decreases the evaporation rate.
Evaporation will stop once the vapor pressure in the free vol-
ume is equal to the saturated vapor pressure of the lubricant.

The free volume of the bearing Vb is filled with na moles
of “atmospheric molecules” and nv “volatiles” formed by
evaporation of the thin layers of oil, with surface area A,
formed by grease bleed in the bearing. Evaporation contin-
ues until the air is saturated; that is, when the vapor pres-
sure pv has reached the saturated vapor pressure pv, sat:

The number of molecules that are evaporating per unit of
time is calculated using the Hertz-Knudsen equation [3]:

dnv
dt

¼ r

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1

2pmRT

r
pv, sat � pvð ÞA: [8]

The saturated vapor pressure, pv, sat, at temperature T, is cal-
culated using the Clausius-Clapeyron equation (33):

ln
pref , sat
pv, sat

¼ Dh
R

1
T
� 1
Tref

� �
, [9]

where pref , sat is the saturated vapor pressure of the oil at
temperature Tref and Dh is the enthalpy of vaporization.

Loss of volatiles from the bearing

Breathing mechanisms
Even in the absence of air flow through the bearing, the vol-
atiles that are formed in the interior of the bearing by evap-
oration may be lost from the bearing. This will happen
through the gap between the bearing seal and shaft. There
are three “breathing” mechanisms for this.

Evaporation increases the pressure, causing gas (airþ vo-
latiles) to flow out of the bearing. In our model it is
assumed that the temperature fluctuations are not “abrupt”
and that the resistance to gas flow through the gap between
the shield and inner ring can therefore be neglected. The
gas volume that is lost can then be calculated from the
growth of the gas volume caused by evaporation. In this
mechanism the flow is therefore only determined by expan-
sion and shrinkage of the air inside the bearing by evapor-
ation (or condensation), assuming a constant (ambient)
pressure. This mechanism is called here “expansion by evap-
oration” (EE).

The second cause of migration of volatiles is flow caused
by a pressure difference induced by temperature fluctua-
tions. This may result from variations of the operating con-
ditions in a bearing (such as load and speed), which will
lead to variations in frictional heat and therefore tempera-
ture. The increase or decrease of temperature will then cause
respectively “expansion or shrinkage” of the gas inside the
free volume. This effect is denoted here by “isobaric thermal
Expansion” (ITE).

The third mechanism is a loss of volatiles caused by dif-
fusion, driven by a concentration difference of volatiles
inside and outside the bearing. It is important to notice that
this is different from the diffusion model described in sec-
tion Evaporation model based on diffusion theory. This
effect is denoted here by “Diffusion” (D).

The model also applies to bearings that are sealed with
“contacting seals.” In that case diffusion can be neglected.
However, the other breathing mechanisms can still occur
due to the flexibility of the (usually rubber) seals.

Expansion by evaporation
The vapor pressure is the result of the pressure caused by
the evaporated molecules and is related to the number of
molecules following the ideal gas law (31):

pv ¼ nvRT
Vb

: [10]

Because the bearing is sealed by a noncontacting seal, the
total pressure is constant and equal to the atmospheric pres-
sure. So

patmVb ¼ nv þ nað ÞRT [11]

or

Vb ¼ nv þ nað ÞRT
patm

: [12]

Due to evaporation during a very small time interval dt, the
number of volatiles will increase with dnv. This leads to a
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virtual increase of the volume by

dV ¼ RTdnv
patm

: [13]

It is assumed that air and volatiles are well mixed. Hence,
the fraction of volatiles, or concentration, in volume dV is
the same as in volume Vb. The concentration of volatiles
and air read respectively:

Cv ¼ nv
Vb þ dV

� nv
Vb

[14]

and

Ca ¼ na
Vb þ dV

� na
Vb

: [15]

The lost numbers of volatiles and air therefore are

dnv, lost
dV

¼ Cv [16]

dna, lost
dV

¼ Ca: [17]

Substituting these in Eqs. [14] and [15] will result in the fol-
lowing equations:

dnv, lost
dV

¼ nv
Vb

[18]

dna, lost
dV

¼ na
Vb

: [19]

Replacing dV using Eq. [13] gives

dnv, lost
RTdnv
patm

¼ nv
Vb

[20]

dnv, lost
dnv

¼ nv
Vb

RT
patm

: [21]

So the evaporation loss flow rates read:

dnv, lost
dt

���
EE

¼ nv
Vb

RT
patm

dnv
dt

[22]

dna, lost
dt

���
EE

¼ na
Vb

RT
patm

dnv
dt

: [23]

Using the Hertz-Knudsen equation [8] then gives the fol-
lowing for the rate of lost volatiles:

dnv, lost
dt

���
EE

¼ nv
Vbpatm

r

ffiffiffiffiffiffiffiffiffi
RT
2pm

r
pv, sat � pvð ÞA: [24]

Note that condensation causes a decrease in the gas volume
and therefore does not lead to a loss of volatiles.

Isobaric thermal expansion
A change in temperature not only affects the evaporation
rate but will also cause a change in volatile content in the
free bearing volume. An increase in temperature will result
in “breathing out” and a decrease in temperature will result
in “breathing in.” Breathing out will lead to a loss of vola-
tiles. Breathing in will inhale the cold air from the

atmosphere and dilute the concentration of volatiles, lower-
ing the vapor pressure so that new evaporation can
take place.

Increase in temperature. Volatiles and air molecules are pre-
sent in the free volume of the bearing Vb. When the tem-
perature changes, this gas volume will change. When the
temperature increases with dT it expands with dV and will
not fit inside the bearing. Again, it is assumed that there is
no resistance to flow and this will therefore instantaneously
be outside the bearing. This volume dV will contain a num-
ber of molecules (air and volatiles) dn that can be consid-
ered as being lost. It is assumed that the ideal gas law
applies and that the total pressure remains equal to the
atmospheric pressure:

patm ¼ nRT
Vb

[25]

with

n ¼ na þ nv: [26]

Here nv is the number volatiles and na is the number of air
molecules. So when the temperature changes with dT, the
volume will change with

dV ¼ nR
patm

dT: [27]

With this change of volume, the concentration will change.
When the volume increases to Vb þ dV the number of mol-
ecules n will remain constant. This means that the concen-
tration now becomes

C ¼ n
Vb þ dV

: [28]

This concentration is uniform, so the number of molecules
leaving the bearing in volume dV by breathing will be

dnlost
���
ITE

¼ n
Vb þ dV

dV [29]

or

dnlost
n

���
ITE

¼ dV
Vb þ dV

� dV
Vb

: [30]

Combining Eqs. [27] and [30] gives

dnlost
n

���
ITE

¼ nR
patmVb

dT [31]

or

dnlost
dT

���
ITE

¼ n2R
patmVb

: [32]

So the number of molecules that are lost by increasing the
temperature depends on the number of molecules itself and
on the bearing free volume. With n ¼ na þ nv the lost num-
ber of volatiles nv can be calculated by

dna, lost
dT

���
ITE

þ dnv, lost
dT

���
ITE

¼ ðna þ nvÞ2R
patmVb

: [33]
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It is assumed that air and volatiles are perfectly mixed. The
mole fraction of air and volatiles in new virtual volume dV
will be equal to the mole fraction in Vb. Hence, we can use
the following equations to find the air and volatiles lost dur-
ing the breathing out process:

dnv, lost
dT

���
ITE

¼ vv
ðna þ nvÞ2R

patmVb
[34]

dna, lost
dT

���
ITE

¼ va
ðna þ nvÞ2R

patmVb
[35]

with vv ¼ nv=ðna þ nvÞ and va ¼ na=ðna þ nvÞ the mole
fractions of volatiles and air molecules, respectively. This
can be further simplified by substituting the values for vv
and for patm from Eq. [25].

dnv, lost
dT

���
ITE

¼ nv
T

[36]

and

dna, lost
dT

���
ITE

¼ na
T
: [37]

Decrease in temperature. If the temperature decreases with
dT, fresh air with volume dV, containing dna moles of air
molecules, is sucked into the bearing. In that case the vola-
tiles are not lost, as was the case with a temperature
increase, but the concentration will be reduced. More specif-
ically, at temperature T there were n ¼ na þ nv moles of
molecules. When the temperature is now decreased with dT
these will now be diluted by dna air molecules, originating
from a volume dV. Again, it is assumed that there is no
resistance to flow and this “breathing in” will therefore
occur instantaneously.

The reduction of volume applies to the bearing volume V
¼ Vb, filled with air and volatiles with total number of mol-
ecules n ¼ na þ nv (mol). It is again assumed that the ideal
gas law applies and that the total pressure is equal to the
atmospheric pressure. So at temperature T

patm ¼ nRT
Vb

[38]

with n ¼ na þ nv:
So when the temperature reduces with dT, the volume of

gas inside the bearing (that will be replaced by air from out-
side the bearing) will be reduced by

dV ¼ na þ nvð ÞR
patm

dT: [39]

This dV be filled with air molecules from outside the bear-
ing. The concentration of air molecules in air is

na
V

¼ patm
RTa

, [40]

where Ta is the temperature outside the bearing (ambient
temperature), which can be considered constant.

Hence the “inhaled” number of air molecules reads

dna ¼ patm
RTa

dV: [41]

With Eq. [39] this gives

dna ¼ patm
RTa

na þ nvð ÞR
patm

dT [42]

or

dna
dT

¼ na þ nv
Ta

, [43]

with na the air molecules inside the bearing volume Vb.

Diffusion of volatiles through the seal gap (D)
The volatiles from the bearing can also leave the bearing
through the narrow gap between the shield and the bearing
inner ring by diffusion. This is not pressure driven but con-
centration driven and can be estimated using Fick’s first law,

dnv
dt

���
D
¼ �AgapD

dc
dx

, [44]

where dnv is the change in number of volatiles in the bear-
ing, Agap is the surface area of the gap, D is the diffusion
coefficient, and dc

dx is the concentration gradient of the vola-
tiles in the gap in the axial direction. Again the concentra-
tion of volatiles can be calculated using the ideal gas law:

C ¼ pv
RT

: [45]

The concentration is assumed to be constant in the bearing
volume and linear in the shield gap, going to zero outside of
the bearing. With a shield thickness b and substitution of
Eq. [45] into Eq. [44] this gives

dnv
dt

���
D
¼ �AgapD

pv
bRT

¼ �AgapD
nv
bVb

: [46]

The lost number of volatiles by diffusion through the shield
gap then reads:

dnv, lost
dt

���
D
¼ � dnv

dt

���
D
: [47]

The diffusion coefficients in gases are commonly estimated
using Chapman-Enskog theory (19). The simplified form of
this equation for the diffusion of oil vapors into the nitrogen
atmosphere is given by Karis and Nagaraj (20):

D ¼ 3:55� 10�9
�
0:0357þ 1

m� 1000

	1
2
T

3
2, [48]

with m the molar mass (kg/mol) and T the temperature (K).

Summary of the evaporation loss model

Due to evaporation, the number of volatile molecules (nv) in
the bearing increases and the number nv, lost leaves the bear-
ing by thermal expansion and diffusion.

At each point in time the change in the number of vola-
tiles in the bearing is calculated using
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dnv
dt

¼ r

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1

2pmRT

r
pv, sat � pvð ÞA, [49]

where r can be estimated by,

r ¼ rref 2
T�Trref

Ta : [50]

The saturated vapor pressure can be calculated from

ln
pref , sat
pv, sat

¼ Dh
R

1
T
� 1
Tref

� �
: [51]

The vapor pressure inside the bearing can be calculated
from

pv ¼ nvRT
Vb

: [52]

The total amount of volatiles leaving the bearing is deter-
mined by ITE, EE, and D through the seal gap:

dnv, lost
dt

¼ dnv, lost
dT

���
ITE

þ dnv, lost
dt

���
EE

þ dnv, lost
dt

���
D
: [53]

For ITE, there is a difference between a temperature
increase and decrease. When there is a temperature increase,
dT> 0,

dnv, lost
dT

���
ITE

¼ nv
T
, [54]

and for a temperature decrease, dT � 0,

dnv, lost
dT

���
ITE

¼ 0: [55]

For EE there is difference between a positive and a negative
dnv=dt, as calculated in Eq. [49]. If dnv=dt >0, then

dnv, lost
dt

���
EE

¼ nv
Vbpatm

r

ffiffiffiffiffiffiffiffiffi
RT
2pm

r
pv, sat � pvð ÞA, [56]

For a negative flow, when dnv=dt � 0,

dnv, lost
dt

���
EE

¼ 0: [57]

Finally, the volatiles lost by diffusion are given by

dnv, lost
dt

���
D
¼ �AgapD

nv
bVb

, [58]

Evaporation measurements

The evaporation model parameters from the Hertz-Knudsen
equation [3] were measured using a thermogravimetric ana-
lyzer, on polyalphaolefin (PAO) oils with kinematic viscos-
ities of 31, 47, and 63 cSt at 40

�
C. A droplet of oil was put

in the ceramic pan where it was distributed evenly.
Measurements were carried out at 80, 100, 120, 140, 160,
and 180

�
C in a nitrogen atmosphere for 3 h. As mentioned

above, the temperature dependence of the evaporation flux
follows an Arrhenius behavior. Instead of using the original
formulation from Zhou et al. (18), Eq. [4], we will use a
more convenient formulation that is commonly used in
grease life models (3):

r ¼ rref 2
T�Tr, ref

TA , [59]

where rref is the evaporation coefficient at temperature Tr, ref

and TA, an Arrhenius temperature.
The evaporation coefficients are shown in Fig. 2. It can be

seen that the evaporation coefficient increases exponentially
with increasing temperature. The estimated parameters for all
tested oils are listed in Table 1. Using these values we can esti-
mate the evaporation rate of these oils at any temperatures.

Simulation results

Configuration and simulation drive cycle

All calculations will be done for a single bearing. Studying the
effect of bearing type and bearing size goes beyond the scope
of this article. We selected a 6209-2Z bearing and the three
PAO oils for which the parameters are given in Table 1. An
arbitrary temperature drive cycle was used where the bearing
was run at 150

�
C for 10 h and at 70

�
C for 10 h. This cycle

was repeated for 2 years. Other relevant parameters are listed
in Table 2. To study the effect of different evaporation loss
mechanisms, simulations were run, showing not only the total
loss but also the separate loss of volatiles by volume expansion
by EE, ITE, and D.

Figure 2. Evaporation coefficient for the PAO oils listed in Table 1.

Table 1. Oil evaporation parameters.

Parameter PAO 30 cSt PAO 46 cSt PAO 68 cSt Unit

Tr, ref 413 433 433 K
rref 3:73� 10�4 9:55� 10�5 7:27� 10�5

TA 25.8 13.7 19.1
Dh 14,603 21,908 27,450 J
pref 0.1347 0.2133 0.2266 Pa
Tref 366.3 421.9 421.9 K
m 0.554 0.629 0.69 kg=mol

Table 2. Relevant parameters for the 6209-2Z bearing.

Sample no. Parameter Value Unit

1 Surface area of evaporation 0.0166 m2

2 Free volume 1.57� 10– 5 m3

3 Gap between the shield and inner ring 0.275 mm
4 Shield thickness 0.33 mm
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The significance of the various loss mechanisms

To study the significance of the various loss mechanisms,
the cycle as defined above was run for various cases, where
in all cases the base oil in the bearing was evaporating and
could escape from the bearing by means of EE, ITE, or D.
Only PAO 46 oil is considered.

Loss of volatiles only by isobaric thermal expansion
Figure 3 shows the variation of temperature, vapor pressure,
remaining oil, and evaporation rate for the selected temperature
cycle. Only the first two cycles are shown. At the beginning of
the cycle, the vapor pressure is zero, so the oil starts to evaporate.
This increases the vapor pressure inside the bearing and the
evaporation rate gradually decreases. After 10h, the temperature
increases to 150

�
C, leading to a loss of volatiles by ITE and a

reduction of the remaining oil in the bearing. It also leads to a
higher saturation vapor pressure, resulting in a sudden increase
in evaporation. The vapor pressure again starts to increase in the
bearing and reaches the saturated vapor pressure. After 10h, the
temperature drops to 70

�
C. Fresh air is sucked into the bearing,

which reduces the concentration of volatiles. The lower tempera-
ture also reduces the saturated vapor pressure of the oil, resulting
in condensation. This leads to a gradual decrease in the vapor
pressure until it reaches the saturated vapor pressure where the
condensation stops. When the temperature subsequently rises to
150

�
C again, volatiles escape by “breathing out” (ITE), reducing

the remaining oil in the bearing. Moreover, it increases the satu-
rated vapor pressure, leading to evaporation again. This cycle
repeats itself for 2 years. We can observe that at both low and

high temperatures, the vapor pressure reaches the saturated
vapor pressure quickly. This is because we assumed in this sec-
tion that the volatiles can escape from the bearing only during an
increase in temperature.

Loss of volatiles by volume expansion by evaporation
This section describes the volatiles that will escape from the bear-
ing during evaporation by a virtual expansion of the gas volume
caused by an increase of volatile molecules while keeping the
pressure constant, p ¼ patm: ITE and D are not considered here.
The variation in vapor pressure, evaporation rate, and loss of vol-
atiles when only this mechanism is considered are shown in Fig.
4. Volatiles escape from the bearing throughout the considered
time period but the loss is more pronounced when the tempera-
ture changes. This is due to the large difference in vapor pressure
and saturated vapor pressure when the temperature increases.
The figure also shows that the loss induced by this mechanism is
very small compared to the loss due to other mechanisms.

Loss of volatiles by diffusion
To estimate the diffusive losses, we have to define the area
of the gap between the shield and the shoulder. Usually, this
gap is filled with grease that partially or completely closes
the gap. The actual area depends on the type of grease, seals,
temperature, load, time, and other operating conditions. It is
difficult to predict the exact value of this area at this point,
and it is beyond the scope of this article. Hence, we consid-
ered two extreme possible conditions; that is, a gap areas of
0.01% and 100% of the total area between the shield and the

Figure 3. The variation in evaporation rate, oil remaining in the bearing, vapor
pressure, and temperature cycle with only ITE as a loss mechanism.

Figure 4. Response to a variation in temperature with only EE as a
loss mechanism.
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inner ring shoulder. For simplicity, from here onwards, the
percentile area is denoted by a prefix. The variation of evap-
oration rate, oil remaining, and vapor pressure are shown in

Fig. 5. Unlike losses caused by ITE, the diffusion losses are
continuous. When considering an area of 0.01%, the vapor
pressure inside the bearing is always nearly equal to the

Figure 5. Response to a variation in temperature when only the diffusive loss mechanism (D) is considered. (a) 0.01% of the shield gap is open and (b) shield–inner
ring gap totally opened.

Figure 6. Response to a variation of temperature when all loss mechanisms are included. (a) 0.01% of the shield gap is open and (b) shield–inner ring gap
totally opened.
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saturated vapor pressure and the loss of volatiles is the same
order of magnitude as for ITE. The evaporation rate shows
a sudden short increase when the temperature increases due
to an increase in the saturated vapor pressure. Because of
the very small gap, hardly any volatiles can escape and the
vapor pressure will therefore increase quickly, leading to a
very low evaporation rate. By contrast, when the shield gap
is 100% open, the diffusive losses are four orders of magni-
tude larger, leading to a continuous low vapor pressure. The
vapor pressure never reaches the saturated vapor pressure,
leading to continuous evaporation and therefore to a much
higher evaporation loss.

Loss of volatiles by considering all three loss mechanisms
Figure 6 shows the evolution of vapor pressure, volatiles, mass
loss, and evaporation rate when losses induced by all three
mechanisms are considered. Here, the loss induced by diffusion
is calculated for both 0.01% and 100% shield gap openings. It
can be noticed that for 0.01% and 100%, the oil loss and the
evaporation rate is clearly different, not only when the tempera-
ture changes but also for the time periods when the tempera-
ture is constant. When the seal gap is 100% open, as explained

in the previous section, diffusive losses dominate. When the
gap is almost closed, all three loss mechanisms should be taken
into account. These results also show that for a very good sealed
bearing, evaporation losses are small but both diffusive losses
and ITE are on the same order of magnitude. However, the
sealing quality is clearly the most important factor for prevent-
ing losses by evaporation. Note that the evaporation losses are
very significant with a totally opened gap.

Impact of the different loss mechanisms on the total
oil loss

The variation in vapor pressure, flow rate, and oil loss a
shown in Figs. 3, 4, 5, and 6 for different mechanisms for a
few cycles. Figure 7 shows the influence of different loss
mechanisms on the oil lost from the bearing in 2 years; that is,
after the full drive cycle. It was assumed that 30% of the free
volume of the bearing is filled with grease for which the oil
content is 85%. Again two cases are shown with shield–inner
ring gap openings of 0.01% and 100%. For an almost closed
gap (i.e., 0.01% gap opening), both diffusion and breathing
effects give a comparable contribution to the total evaporation
rate. However, for the 100% opened shield gap, the diffusion

Figure 8. Effect of gap opening on the oil loss. All three loss mechanisms are
taken into account.

Figure 9. Oil loss at different temperatures after 2 years of drive cycles, where
the bearing is running for 10 h at 70

�
C and 10 h at temperatures ranging from

75–150
�
C.

Figure 7. Percentage oil lost after 2 years by considering different loss mechanisms where “Total” refers to “including all mechanisms” (EEþ ITEþD). (a) almost
closed shield–inner ring gap and (b) open shield–inner ring gap.
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loss is 71.5% and all losses combined add only 0.001%, so
clearly the diffusive losses dominate in that case.

Impact of the quality of sealing

Figure 8 shows the effect of sealing by varying the gap between
the shield and the inner ring with 100, 80, 60, 50, 20, 1, and
0.01%. The effect of the gap opening was been studied by con-
sidering all the loss mechanisms. The oil loss is lower than 1%
for up to a 1% gap. When the 20, 40, 50, 60, 80, and 100%
opening is considered the loss is 16.7, 31.6, 38.7, 45.6, 58.9, and
71.5%, respectively. It is interesting to see that the losses could
be as high as 71.5% if the bearings are not sealed efficiently.
The most extreme case would be an open bearing without
shields. Any volatiles will be expelled from the “bearing vol-
ume” immediately and the vapor pressure will always be zero,
leading to an evaporation rate that is only dependent on tem-
perature (see Eq. [3]). The loss of oil during this situation is
100% for the 2-year cycle.

Impact of temperature

To study the impact of temperature, a 10% shield gap open-
ing was selected. Figure 9 shows the evaporation after 2
years for different drive cycles, each with the same min-
imum temperature of 70

�
C but now with different max-

imum temperatures. The maximum temperatures vary from
75 to 150

�
C. It can be seen from this figure that the oil loss

is exponentially increasing with increasing temperature. This
behavior is due to an exponential increase in the saturated
vapor pressure and evaporation coefficient of the oil. We
can see that for the same shield gap opening, oil loss at 75

�

C is 2.4%, increasing to 8.7% at 150
�
C.

Conclusions

The Hertz-Knudsen equation was selected to estimate the
evaporation rate of base oil from grease inside bearings. It
was shown that three mechanisms control the flow of vola-
tiles out of the bearing: EE, ITE, and D through the gap
between the shield and inner ring. The model was applied
to a shielded ball bearing undergoing an arbitrary selected
temperature drive cycle. Here the loss by diffusion through
the gap between the shield and inner ring is the dominating
loss mechanism if this gap is not blocked by grease. For an
almost closed gap, the frequency of temperature fluctuations
in the bearing dominates the oil loss. Losses by evaporation
will be higher in the case of high operating temperatures
and high frequencies of temperature fluctuations and are
related to the evaporation rate of the base oil and the quality
of the bearing sealing. These conclusions suggest that con-
tacting seals (with a 0% gap opening) are always preferred
to reduce evaporation losses. However, such seals generate
heat, which increases the temperature, leading to higher
evaporation losses. Ideally, the grease itself should close the
gap between the shield and inner ring.

Oils with low molecular weight molecules, which typically
have a high saturation pressure, will show high evaporation

losses. The examples that were selected here were extreme cases.
Oxidation of the base oil will have a major effect on the results
here and the selected example is therefore only illustrative.
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