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Abstract 

Waste heat driven ammonia/water Kalina cycles have shown promise for improving the 

efficiency of electricity production from low temperature reservoirs (T < 150°C). However, there 

has been limited application of these systems to utilize widely available, disperse, waste heat 

streams for smaller scale power production (1 to 10 kWe).  Factors limiting increased deployment 

of these systems include large, costly heat exchangers, and concerns over safety of the working 

fluid. The use of mini and microchannel (D < 1 mm) heat exchangers has the potential to decrease 

system size and material cost, while also reducing the working fluid inventory, enabling 

penetration of Kalina cycles into these new markets.   

However, accurate methods of predicting the heat and mass transfer in microscale geometries 

must be available to design and optimize these compact heat exchangers. In the present study, the 

effect of different heat and mass transfer models on the calculated Kalina cycle condenser size is 

investigated at representative system conditions.  A detailed heat exchanger model for a liquid-

coupled microchannel ammonia/water condenser is developed. The heat exchanger is sized using 

different predictive methods to provide the required heat transfer area for a 1 kWe Kalina system 

with a source and sink temperature of 150°C and 20°C, respectively. The results show that for the 

models considered, predicted heat exchanger size can vary by up to 58%. Based on prior 

experimental results, a non-equilibrium approach is recommended to provide the most accurate, 

economically sized ammonia/water condenser. 

 

 

                                                      
1 Corresponding author: brian.fronk@oregonstate.edu ; +1-(541)-737-3952 
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NOMENCLATURE 

A  area (m2) 
cp  specific heat (kJ kg-1 K-1) 
C  concentration (kmol m-3) 

CaL liquid capillary number L Lj     

D  diameter (m) 
G  mass flux (kg m-2 s-1) 
g  gravitational acceleration (m s-2) 
h  specific enthalpy (kJ kg-1) 
j  superficial velocity (m s-1) 

*
Gj   dimensionless gas velocity (-) 

k   thermal conductivity (W m-1 K-1) 
kWe Kilowatt-electric 
L  length (m) 
LMTD log-mean temperature difference (K) 
m   mass flow rate (kg s-1) 
m’’  condensing mass flux (kg m-2 s-1) 
N   condensing molar flux (kmol m-2 s-1) 
Nu  Nusselt number (-) 
P  pressure (kPa) 
Pr  Prandtl number (-) 

Pr  reduced pressure critP P   

q  quality (-) 
Q   heat duty (kW) 
R  thermal resistance (K W-1) 
Re  Reynolds number (-) 

L,Re   film Reynolds number  

SuVO vapor-only Suratman number 
2

V VD       

T  temperature (°C) 
t  thickness (mm) 
U  velocity (m s-1) 

vjV   vapor drift flux velocity (m s-1) 

n e tW  net power (kW) 
We* modified Weber number 
xbulk bulk ammonia mass fraction (-) 
X  Martinelli parameter    f,L f,V

dP dz dP dz     

Xtt  turbulent-turbulent Martinelli parameter 
xbulk bulk ammonia mass fraction 
x  mole fraction in liquid phase 
x  mass fraction in liquid phase 
y   mole fraction in vapor phase 
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y  mass fraction in vapor phase 
z  ratio of less volatile molar flux to total flux 
 
Greek Symbols 
α  heat transfer coefficient (W m-2 K-1) 
α’  apparent heat transfer coefficient (W m-2 K-1) 
β  mass transfer coefficient (m s-1), volumetric quality (-) 
δ  liquid film thickness (m) 
ε  void fraction (-) 
η  efficiency (-) 
ρ  density (kg m-3) 
σ  surface tension (N m-1) 
Φ  two-phase multiplier (-) 
μ  dynamic viscosity (kg m-1 s-1) 
κ  Ackerman [1] correction factor (-) 
 
Subscripts and Superscripts 
1  more volatile species in binary mixture (ammonia) 
2  less volatile species in binary mixture (water) 
a  annular 
avg  average 
CAT closest approach temperature 
cond condenser 
evap evaporator 
f  friction 
HT  heat transfer 
HX  heat exchanger 
i  segment inlet 
int  interface 
L  liquid phase 
LO  liquid only 
LM logarithmic mean 
n-a  non-annular  
mix mixture 
o  segment outlet 
recup recuperator 
s  isentropic 
seg  model segment 
sink thermal sink 
source thermal source 
S,V sensible heat load, vapor 
T  total 
turb turbine 
V  vapor phase 
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1. INTRODUCTION AND MOTIVATION 

 Low-grade (T < 150°C) waste heat remains a vast untapped resource for sustainable 

production of cooling, heating, or power, with the potential to reduce primary energy 

consumption in the United States by 12% [2]. It is estimated that ~1.05 × 109 GJ of thermal 

energy is available per year at temperatures from 100°C to 149°C [2].  Presently, waste heat-to-

electricity technology for low and midgrade thermal resources has been primarily limited to 

Organic Rankine cycles (ORC) and Kalina cycles [3]. These systems use a single (ORC) or 

multi-component (Kalina) fluid such as propane, butane, R-245fa or ammonia/water mixtures as 

the working fluid, and are typically deployed for waste heat source temperatures greater than 

200°C and large power capacities (> 500 kWe). Furthermore, they are generally custom built for 

a specific application, resulting in high capital cost (~1100 to 3500 $/kWe) [3].  

 To fully realize the potential of waste heat for power, smaller (~ 1 to 10 kWe), lower 

temperature (Tsource < 150°C) sources must be exploited; these include exhaust gases from coal 

power plants, gas fired boilers, process steam condensate, cooling water from air-compressors 

and internal combustion engines, and emissions from other industrial processes. Attaining this 

goal requires mitigating two key challenges. First, economical recovery of low-grade waste heat 

is difficult due to thermodynamic (Carnot) limitations. A second, related challenge is that the 

relativity low thermodynamic efficiencies require that large amounts of heat must be transferred 

to obtain a useful work output. To maximize efficiency, this heat transfer must occur over as 

small of a temperature difference as possible, requiring large heat transfer areas and more costly 

heat exchangers. 

 One potential pathway for economic distributed generation is to move from custom designed 

plants to mass-produced, packaged waste heat recovery systems, similar to unitary HVAC 
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equipment. Development of these systems will require compact, highly effective, heat 

exchangers, which necessitates accurate methods of predicting heat and mass transfer of the 

working fluid. Thus, in the present work, we will explore the feasibility of using a microchannel 

condenser for a 1 kWe Kalina cycle and assess the effect of the different heat and mass transfer 

models on predicted heat exchanger size, which is directly related to system cost.  

2. Prior Work 

Kalina cycles have shown potential for efficiently producing power from low temperature 

thermal resources [4]. This vapor power cycle uses a zeotropic mixture of ammonia and water 

(and potentially other fluids [5]) as the working fluid. Since zeotropic mixtures are used, the 

boiling point at a fixed pressure can be altered by changing the bulk fluid composition, allowing 

for efficient internal recuperation and temperature glide matching to sensible sources during 

evaporation/condensation.  This flexibility has resulted in the proliferation of numerous Kalina 

configurations [6], each designed to most efficiently operate between a specific temperature 

source and sink. An example of one such cycle is shown schematically in Fig. 1 (Kalina cycle 

configuration KCS 34 as defined in [7]), consisting of a turbine, pump, phase separator, and 

three different heat exchangers. In practice, the Kalina cycle has been successfully deployed as 

large capacity bottoming cycle and for low-temperature geothermal power generation.  

Kalina cycles have been the subject of numerous thermodynamic analysis in the literature [4–

6,8–11]. These studies have focused on evaluating different configurations of the cycle with 

different source and sink temperatures using waste heat/bottoming cycle [4,8,11,12], solar [13–

15], geothermal [10,16–18], or other heat sources as an input. After building a thermodynamic 

state point model of the cycle, optimal operating conditions such as evaporator pressure and bulk 

ammonia mass fraction can be found [16,19]. Generally, these studies stop at this point and do 
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not consider the heat exchanger design and size, which is the key enabling technology for 

achieving the theoretical performance identified in thermodynamic studies, and a primary source 

of cost for this cycle [3].  

Kim et al. [20] noted that assessment of pinch point in an ammonia/water heat exchangers is 

significantly more difficult than for a pure substance, due to the rapidly changing temperature 

distribution. In addition, several practical heat exchange design issues impede scaling of the 

Kalina cycle from large capacity to smaller systems. Due to the corrosive nature of the 

ammonia/water mixture, stainless or carbon steel heat exchangers must be utilized. This 

increases cost, size and weight of the system. Furthermore, the toxicity of ammonia has led to 

resistance in deploying ammonia-based systems in sensitive residential or commercial areas. 

Microchannel heat exchangers are well suited to overcoming all of these obstacles. By increasing 

the heat transfer coefficient and surface area-to-volume ratio, the component size can be reduced. 

 

 Fig. 1: Kalina cycle schematic 
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This reduction in component size also decreases the working fluid inventory, which may mitigate 

some safety concerns. Garimella and co-workers [21–23] have successfully demonstrated 

microchannel technology for similar packaged ammonia/water absorption systems. Design of 

these microchannel exchangers is dependent on accurately modeling the underlying heat and 

mass transfer in small diameter channels.  

2.1 Zeotropic Heat and Mass Transfer 

 Unlike the design of evaporators and condensers in standard Rankine or Organic Rankine 

cycles, zeotropic mixtures exhibit a temperature glide (i.e., difference between dew point and 

bubble point at a fixed pressure) during phase change due to the changing composition of the 

vapor and liquid phases. This introduces coupled heat and mass transfer resistances (Fig. 2).  

Many experimental studies showed a degradation in heat transfer coefficient during condensation 

of zeotropic mixtures [24,25]. This means that the measured apparent heat transfer coefficient is 

lower than the weighted average of the predicted heat transfer coefficients of the individual pure 

components. Fronk and Garimella [25] found that this degradation was particularly important for 

high-glide mixtures such as the ammonia/water mixture of interest here. This suggests that 

applying conventional condensation models that fail to account for the additional mass transfer 

 
Fig 2. Schematic of coupled heat and mass transfer resistances during zeotropic condensation 
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resistance when designing Kalina cycle condensers will yield undersized heat exchangers 

[24,26].    

 Two common methods for modeling condensation of zeotropic mixtures are the non-

equilibrium film method and the equilibrium approach. The non-equilibrium method is based on 

the work of Colburn and Drew [27], which idealizes the coupled heat and mass transfer 

resistances as shown previously in Fig. 2. In this approach, thermodynamic equilibrium applies 

only at the liquid/vapor interface and the transition from the bulk vapor concentration and 

temperature is assumed to occur through a thin film adjacent to the interface [28]. If appropriate 

correlations are available for the underlying resistances in Fig. 2, the system of equations can be 

solved to calculate the heat duty. Investigators [29–31] have applied this modeling framework to 

many different systems; altering the underlying heat and mass transfer correlations and 

assumptions (e.g., laminar falling film, annular flow, neglect sensible cooling, etc.) depending on 

operating conditions. 

While more theoretically sound, the non-equilibrium method of condenser design for binary 

and multi-component mixtures can require substantially more computational resources. Thus, as 

an alternative modeling approach, the equilibrium or so-called Silver-Bell-Ghaly (SBG) method 

[32,33] is often used for designing zeotropic condensers, particularly in HVAC&R applications 

[34]. Here, the vapor-phase mass transfer is not explicitly calculated, but rather accounted for 

through a mixture resistance correction factor (Rmix), as shown in Eq. (1). The mixture resistance 

correction can then be used to develop an apparent condensation heat transfer coefficient, shown 

in Eq. (2). 

 
S,V

mix
T V

1Q
R

Q 
  

      


   (1) 
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1

'
L mix

L

1
R




 

  
 

  (2) 

The original justification for Eq. (1) provided by Bell and Ghaly [33] is that calculating the 

sensible heat transfer coefficient in the vapor phase will result in a significant under prediction of 

the actual heat transfer, since no two-phase enhancement effects are considered. Thus, the 

additional resistance from mass transfer that is not calculated is compensated for by 

underestimating the vapor heat transfer coefficient.  

Application of these general modeling techniques remains relatively unexplored in mini and 

microchannel systems [30,35]. In addition, Deng et al. [36] found that predicted condenser 

length can vary significantly depending on what modeling approach is followed for R134a/R123 

systems. The present investigation seeks to better understand how these different models can 

affect the calculated size of microchannel heat exchangers for Kalina cycle applications.   Thus, 

this paper establishes representative inputs for a microchannel condenser design using a 

thermodynamic model of the Kalina cycle pictured in Fig. 1. The bottoming condenser (state 4 to 

5) of this cycle is then sized using different methods for predicting the ammonia/water heat 

transfer. The results show the sensitivity of the calculated component size to the assumed model.  

3. Kalina System Model 

A thermodynamic state point model of a Kalina cycle with a low temperature heat input 

(150°C) was developed.  This model was then used to establish the baseline conditions (e.g., 

required heat duty, fluid flow rates, inlet temperature/pressure, etc.) for the microchannel 

condenser design model. The system analyzed is shown schematically in Fig. 1. This Kalina cycle 

configuration has shown good potential for low temperature power production [6]. The system 

was coupled to a liquid heat source and sink, operating at 150°C and 20°C, respectively.   
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Starting at state point 1, an ammonia/water multiphase mixture leaves the evaporator at some 

temperature below the source temperature (i.e., T1 = Tsource – TCAT,evap) and enters a liquid/vapor 

separator. At state 2, ammonia rich vapor enters the turbine and expanded to state 3, producing 

work.  At the turbine outlet, the ammonia lean liquid solution that was separated (state 10) is mixed 

with the ammonia rich turbine outlet, and the combined mixture enters the condenser (state 4). 

Here, it is completely condensed to a saturated condition before being pumped back to the 

evaporator pressure (state 6). Finally, energy is recovered in a high temperature recuperator before 

the mixture is heated through the evaporator back to state 1. Analysis of the cycle required 

assumptions for closest approach temperature (CAT) in the evaporator, condenser and internal 

recuperator, and efficiency of the pump and turbine, as summarized in Table 1. Pressure drop 

through the heat exchangers and separator was neglected.  

A summary of equations used to analyze each component is provided in Table 2. For each 

state point, relations were developed for three independent, intensive thermodynamic properties, 

which then fixed the remaining thermodynamic properties at that point. Energy and mass balances 

provided closure to the thermodynamic model. Thermodynamic property data of the 

ammonia/water mixture was calculated using NIST REFPROP 9.0 [37]. Using the developed 

model, total mass flow rate required to achieve 1 kWe net power output and the cycle thermal 

Table 1: Assumptions for cycle analysis 
Input Value 

n e tW  1 kWe 

Tsource 150°C 
Tsink 20°C 
TCAT,evap 5 K 
TCAT,cond 5 K 
TCAT,recup 4 K 
Quality @ State 5 0 (saturated) 

turb  80% 

pump 90% 
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efficiency were calculated at varying bulk ammonia mass fraction (xbulk) and evaporator pressure, 

Table 2: Kalina cycle thermodynamic model state points model relations 
State  Equation 

1 Evaporator Outlet 
1 source CAT,evap

1 high

bulk,1 bulk

T T T

P P

x x

 





  

2 Vapor Separator Outlet/Turbine Inlet 2 1

2 1

bulk ,2 v,1

T T

P P

x x






 

3 Turbine Outlet 
3 5

bulk,3 bulk,2

2 3
turb

2 3,s

P P

x x

h h

h h










 

4 Condenser Inlet 

 

4 5

bulk,4 bulk

4 1 3 1 101

P P

x x

h q h q h




   

 

5 Condenser Outlet 
5 sink CAT,cond

5

bulk,5 bulk

0

T T T

q

x x

 




 

6 Pump Outlet/Recuperator Low 
Temperature Inlet 

6 1

bulk,6 bulk,1

5 6,
pump

5 6

s

P P

x x

h h

h h










 

7 Recuperator Low Temperature 
Outlet/Evaporator Inlet 

   

7 1

bulk,7 bulk,1

8 9 7 6lean

P P

x x

m h h m h h




   
 

8 Liquid Separator Outlet/Recuperator 
High Temperature Inlet 

8 1

8 1

bulk ,8 v,1

T T

P P

x x






 

9 Recuperator High Temperature Outlet 
9 7 CAT,recup

9 1

bulk,9 bulk,8

T T T

P P

x x

 




 

10 Expansion valve outlet 10 5

bulk ,10 bulk,9

10 9

P P

x x

h h






 

- Cycle Net Work 

   2 3 5 6

1 kWnet turb pump

net rich

W W W

W m h h m h h

  

   

  

  
 

- Condenser Heat Duty  5 4condQ m h h    
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with the results summarized in Fig. 3. 

Fig. 3 shows that for a constant pressure, the thermal efficiency initially increases with bulk 

ammonia mass fraction, reaches a maximum and then decreases. These results are consistent with 

other Kalina cycle models from the literature [5]. Investigators have determined different optimal 

bulk ammonia mass fraction depending on the source temperature of interest, ranging from 50 to 

90% [6]. Qualitative evaluation of Fig. 3 shows that for leaner ammonia mass fraction (below the 

maximum efficiency point), the drop off in efficiency is drastic. Thus, for stable operation it is 

desirable to operate away from this point, to allow for better performance for varying evaporation 

pressure.  

 In the present study, a bulk ammonia mass fraction of 0.5 and evaporation pressure of 3500 

kPa were chosen. The calculated overall efficiency was 14.9%, using the assumptions in Table 1. 

These conditions yielded an overall mass flow rate of 0.0163 kg s-1 for the ammonia/water mixture 

through the condenser, assuming 1 kWe of net power generation. In addition, the condenser inlet 

conditions were at a temperature of 43.7°C, pressure of 322 kPa, and quality of 0.18. Interestingly, 

 
 

Fig 3. Kalina cycle simulated efficiency versus bulk ammonia mass fraction at different 
evaporator pressures 
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the condenser is only required to partially condense the fluid, yielding a total required condenser 

heat duty of 5.7 kW. The thermodynamic quality is reduced at the condenser inlet when the 

ammonia lean solution (state 10) is mixed with the ammonia rich solution (state 3) from the turbine 

outlet.   

4. Ammonia/Water Microchannel Heat Exchanger Model 

The results from the baseline system model were used as inputs (Table 3) for determining the 

required condenser area using different microchannel heat exchanger models. The total required 

condenser heat duty was 5.7 kW. The total cooling water flow rate was specified to yield a 5 K 

temperature increase. Notably, the NH3/H2O mixture undergoes a temperature change of 18.7 K, 

suggesting that an account of significant coupled heat and mass transfer effects is required.  

4.1 Heat Exchanger Geometry and Modeling Approach 

The condenser was modeled as a slab consisting of two adjacent sets of parallel circular 

microchannels (shown in Fig. 4a, without a headering system). Headers (not shown), would 

distribute the water and working fluid to either the top or bottom array of parallel microchannels, 

where the two fluids are oriented for counterflow. The length of the heat exchanger was defined 

as the flow length of the channels, while the width was equal to the number of channels plus the 

Table 3: Microchannel heat exchanger model inputs  
Input Value 

condQ  5.7 kW 

Working fluid-side  

3 2N H /H Om 0.0163 kg/s 

PNH3/H2O,in 322 kPa 
xbulk 0.5 
TNH3/H2O,in 43.7°C 
TNH3/H2O,out 25.0°C 
∆q 0.18 
∆Pmax 11 kPa 
Water-side  

waterm   0.25 kg/s 

Twater,in 20°C 
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web thickness between each channel. It was assumed that the heat exchanger was constructed of 

carbon steel.  For the present analysis, D = 0.5 mm, tweb and twall = 2 mm. The number of channels 

was varied to maintain the predicted pressure drop below the maximum allowable pressure drop, 

discussed in Section 5. 

While likely not practical as an actual heat exchanger design, the modeled geometry allows 

easy visualization of the effect of the change in predicted heat transfer area due to different 

microchannel heat and mass transfer modeling approaches. In an actual microchannel heat 

exchanger, this slab could be divided into multiple shims of equal size and manufactured into a 

single plate type heat exchanger (concept shown in Fig. 4b), such as those experimentally 

demonstrated for ammonia/water absorption heat pumps by Garimella and co-workers [21,22].  

To account for the varying thermodynamic properties, phase compositions and temperatures, 

a nodal analysis was developed using the Engineering Equation Solver (EES) platform [38],  

 
Fig 4. Schematic of (a) single microchannel heat exchanger slab and (b) concept of multi-slab 

microchannel heat exchanger 
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shown schematically in Fig. 5. The heat exchanger was divided into constant length segments of 

Lseg = 7.5 mm. Each segment was modeled as a counterflow heat exchanger. In each segment the 

water thermal resistance (Rwater) was calculated using the single-phase Churchill [39] correlation, 

valid for laminar, transition and turbulent flow. For the geometries considered, the water remained 

laminar, with 650 < Rew < 704. The wall thermal resistance (Rwall) was calculated considering the 

wall thickness (2 mm) between the water and working fluid channels, and a constant thermal 

conductivity (k = 50 W m-1 K-1) for carbon steel (required for compatibility with NH3/H2O). For 

each segment, the heat transfer in the ammonia/water mixtures and the segment heat duty were 

calculated using either different versions of the equilibrium or non-equilibrium model, detailed 

below.   

4.2 Ammonia/Water Heat Transfer Resistance 

Non-Equilibrium Model 
Based on the non-equilibrium framework of Colburn and Drew [27], Fronk and Garimella  

introduced [40] and experimentally verified a non-equilibrium model for high-glide, binary 

zeotropic mixtures of NH3/H2O in microchannels. This framework was used to predict the heat 

transfer in the present study. The coupled heat and mass transfer resistance in the microchannel 

were modeled according to the resistance diagram shown previously in Fig 2. Expressions for each 

 
 

Fig. 5: Schematic of segmented model 
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resistance are described below. Then, a system of equations is solved iteratively for given set of 

inputs to provide the key outputs of heat transfer rate per segment (Fig. 6). A more detailed 

description of the framework and investigation of the verification of the underlying assumptions 

can be found in Refs. [30,40].  

In each segment, the vapor-phase sensible heat transfer was determined from Eq. (3), where 

the vapor-phase heat transfer coefficient was determined from Ref. [39]. The correction factor   

(Eq. (4)), accounts for the effect of the condensing flux on the sensible heat transfer [1], while the 

vapor-phase log mean temperature (Eq. (5)) accounts for the driving temperature difference from 

the vapor bulk to the liquid/vapor interface.   

  S,V V seg LM,VQ D L T          (3) 

 

 

''
P,V

V

1 exp

where

a

a

m c
a






 




  (4) 

 
   v,i int,i v,o int,o

LM,V

v,i int,i

v,o int,o

ln

T T T T
T

T T

T T

  
 

 
   

  (5) 

 
 

Fig. 6: Non-equilibrium model inputs and outputs 



Journal of Energy Resources Technology 

JERT-15-1398  Fronk, 17 
 

The condensing ammonia ( 1N ) and water ( 2N ) molar rates are determined from Eq. (6). Here, 

the vapor phase mass transfer coefficient ( V ) is determined via the Chilton-Colburn [41] analogy, 

and z is defined as 1 TN N  . The interfacial mole fraction of ammonia ( 1,int,avgy ) is calculated from 

the average interface temperature (Tint,avg), assuming thermodynamic equilibrium and a well mixed 

liquid film (i.e., liquid film interface mole fraction is equal to the bulk liquid interface mole 

fraction). It should be noted that the calculation of Tint,avg is an iterative process.  

 

 
1,int,avg

1 2 V V
1,avg

lnT

z y
N N N C

z y


 
        

  
   (6) 

With expressions for the vapor sensible heat and condensing flux developed, the total heat 

transfer from the working fluid to the water can be modeled by Eq. (7), where Rwall and Rwater were 

calculated as described above (Section 4.1). 

 LM,int
T

L wall water

T
Q

R R R




 
   (7) 

Finally, mass (Eq. (8)), species (Eq. (9)), and energy (Eq. (10)) balances for each phase are 

applied, and the interfacial temperatures and interfacial vapor/liquid concentrations were found by 

enforcing the thermodynamic equilibrium condition at the interface. This provided closure to the 

set of equations, and allowed the segment heat duty to be found. The outlet phase temperatures 

and compositions were used as inlet conditions for the subsequent constant length segments. The 

model repeated until a saturated liquid outlet was achieved.  The total required channel length 

could then be determined, which fixes the required heat exchanger size. 
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Mass balance: 

 
  

  

3 2

3 2

'' ''
L,O L,i 1 2

Mass Flow NH  condensed in Mass Flow H O condensed inMass flow liquid in

'' ''
V,O V,i 1 2

Mass Flow NH  condensed in Mass Flow H O condensed inMass flow vapor in

m m m A m A

m m m A m A

    

    

 

 
  (8) 

Species balance: 

 





33

33

''
1,O L,O 1,i L,i 1

Mass Flow NH  condensed inMass Flow NH  in

''
1,O V,O 1,i V,i 1

Mass Flow NH  condensed outMass Flow NH  in

x m x m m A

y m y m m A

   

   

 


 


  (9) 

Energy balance: 

 
o,T V,O V,O L,O L,O

o,T i,T
T

m h m h m h

Q
h h

m

  

 

  



  (10) 

Fronk and Garimella [40] showed that liquid film heat transfer coefficient (αL) correlation used 

to calculate the liquid thermal resistance (RL, Eq. (11) ) was the most important input to the above 

non-equilibrium film model approach for ammonia/water mixtures in small channels. They found 

that liquid-phase condensation correlations [42–45] developed for fluid with significantly different 

properties or in larger channels than the ammonia/water mixtures exhibited poorer agreement with 

the data when used in the film model.  

 
L HT

1
LR

A
    (11) 

Thus, to assess the effect of the liquid-phase condensation heat transfer coefficient on 

Kalina cycle condenser size, two different microchannel condensation models were considered 

within the non-equilibrium framework described here. The first was a correlation developed [40] 

for pure ammonia in small channels (0.98 < D < 2.16 mm) and at low mass fluxes (50 < G < 225 

kg m-2 s-1). The second was the comprehensive mini/microchannel correlation of Kim and 

Mudawar [45], which was developed from a large database of 17 different working fluids, 
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hydraulic diameters from 0.424 to 6.22 mm, mass flux from 53 to 1403 kg m-2 s-1, and reduced 

pressure from 0.04 to 0.91. Description of both models are provided in Appendix A. 

 

Equilibrium Film Model 

The second category of model considered was the equilibrium approach, described in Section 

2. In the present work, αV in Eq. (1) was calculated from [39], while αL in Eq. (2) was calculated 

using either the ammonia correlation of Fronk and Garimella [40], the comprehensive 

mini/microchannel correlation of Kim and Mudawar [45], or the macrochannel condensation 

correlation of Shah [44] (provided in Appendix A). A comparison of these results is provided in 

the following section. 

Once the apparent liquid film heat transfer coefficient (Eq. (2)) was known, the segment heat 

duty could be determined based on the heat transfer area, and wall and water-side thermal 

resistances, calculated as above. The process was repeated for subsequent segments until the 

required channel length for complete condensation was determined.   

 

5. Condenser Design Results Using Different Heat and Mass Transfer Models 

5.1 Design Procedure 

In the present analysis, the channel diameter, wall and web thickness, total heat duty, total 

working fluid and water mass flow rate were initially fixed according to the geometry in Section 

4.1 and the heat exchanger operating conditions in Table 3.  The free geometric variables in the 

microchannel heat exchanger design were the channel length and number of parallel channels, and 

it was assumed that the water and working fluid were uniformly distributed between the parallel 

channels.  
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While microchannels offer very high heat transfer coefficients, they also tend to result in large 

frictional pressure gradients, which are detrimental to overall system efficiency. In the present 

analysis, a maximum allowable pressure drop of 11 kPa was enforced. This pressure loss 

corresponds to a 1 K saturation temperature loss at the saturated liquid state for the given pressure 

and bulk ammonia concentration. Since the closest approach temperature between the saturated 

liquid outlet and the incoming cooling water is only 5 K, any greater pressure loss would 

significantly reduce the driving temperature difference and the related heat transfer. 

Starting with an assumption of 900 parallel channels, the length of each channel was 

determined from the above analysis, and the two-phase microchannel pressure drop was 

determined using the correlation of Keinath [46]. This model uses the microchannel void fraction 

model of Keinath and Garimella [47] for closure, and was verified and developed for channel sizes 

similar to those in the present analysis. Both of these models are presented in Appendix A. 

If the pressure drop was greater than 11 kPa, the number of parallel channels was increased in 

25 channel increments until the calculated pressure drop was less than the threshold and the heat 

duty requirement was satisfied. The pressure drop is primarily a function of the channel length and 

the fluid mass flux. As the number of channels increases, the mass flux per channel decreases, 

which tends to decrease pressure drop. However, this also decreases the heat transfer coefficient, 

which can lead to a longer heat exchanger to achieve the desired heat duty. By carefully 

considering these coupled effects, a realistic heat exchanger design was developed. For the all of 

the modeling approaches, heat exchanger lengths varied from 12.75 to 18.8 cm and from 1025 to 

1100 parallel channels to maintain the pressure drop below 11 kPa. 

5.2 Discussion of Results 

The outputs of the above analysis using the five different heat transfer modeling approaches 

(two non-equilibrium models using correlations of [40,45], and three equilibrium model using 
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correlations of [40,44,45]) while maintaining a maximum pressure drop were (a) Number of 

parallel channels (b) Channel length, and (c) Mass flux per channel, shown in Table 4. The channel 

length and number of channels were then used to determine the total heat exchanger slab area 

(calculated via Eq. (12)) with the results for each approach shown in Fig. 7. 

  c h a n n e l w e b c h a n n e lH XA N D t L      (12) 

Figure 7 shows that the non-equilibrium model using the Fronk and Garimella correlation 

produced the smallest overall heat exchanger. The equilibrium models yielded designs 18, 38 and 

58% larger using the Fronk and Garimella [40], Kim and Mudawar [45] and Shah [44] models, 

 
Table 4: Calculated heat exchanger parameters for each microchannel modeling approach 

 Nchannel Lchannel  G (kg m-2 s-1) 
Non-Equilibrium Models:  
Fronk and Garimella [40] 1025 12.75 cm 81.1 
Kim and Mudawar [45] 1075 14.25 cm 77.4 
Equilibrium Models: 
Fronk and Garimella [40] 1025 15.00 cm 81.1 
Kim and Mudawar [45] 1100 16.40 cm 75.6 
Shah [44] 1100 18.80 cm 75.6 

 
 

Fig. 7: Heat exchanger area versus condensation modeling approach 
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respectively. Furthermore,  the non-equilibrium models using the Fronk and Garimella [40] and 

Kim and Mudawar [45] liquid film correlations yielded smaller heat exchanger areas compared to 

the equilibrium approach using the same correlations (15% smaller for Fronk and Garimella [40] 

and 15% smaller for Kim and Mudawar [45]). These results can be attributed to the large 

condensation temperature glide of these mixtures, which result in artificially large apparent 

mixtures resistance (Eq. (1)), degrading the apparent heat transfer coefficient and increasing the 

required heat transfer area. To illustrate this, Figure 8a shows the calculated “uncorrected” 

condensation heat transfer coefficient using the Fronk and Garimella [40] correlation compared 

with the “corrected” apparent heat transfer coefficient (Eq. (2)) along the condenser length for the 

same equilibrium conditions. Near the condenser inlet, where the temperature glide is largest, there 

is a significant degradation in predicted heat transfer coefficient due to the mixture resistance 

 
 

Fig. 8: Comparison of (a) Fronk and Garimella [40] heat transfer coefficient with and without Silver-Bell-
Ghaly correction factor and (b) local heat flux of non- equilibrium and equilibrium condenser 
design model 
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correction factor (Eq. (1)), which is intended to account for mass transfer resistance. Towards the 

end of the condenser where only ammonia vapor remains and the local temperature glide 

approaches zero, the heat transfer coefficients converge (i.e, the mixture resistance correction  

0).  However, consider Figure 8b, which shows a comparison of predicted local heat flux along 

the condenser for the equilibrium and non-equilibrium approaches using the Fronk and Garimella 

[40] correlation.  The non-equilibrium model, which explicitly accounts for mass transfer, shows 

higher heat fluxes than the equilibrium model towards the condenser inlet, suggesting the lumped 

approach of the equilibrium model may be overpredicting the mass transfer effects resistances of 

these mixtures. Because of this, the non-equilibrium condenser is predicted to be smaller for the 

same heat duty. Near the outlet of both condensers, the predicted heat fluxes of each model 

approach one another, as the mass transfer effect diminish.  

While more computationally intensive, the non-equilibrium approach was shown previously 

[25,40] to provide better predictive capability of experimental data than the equilibrium models 

for NH3/H2O mixtures in a single tube. These results were also consistent with the findings of 

Deng et al. [36], who found that a non-equilibrium modeling approach provided a better prediction 

than equilibrium models for predicting the experimental condensation length required for a 

mixture of R134a/R23 (0.349/0.651 by mass).    

If the goal of using microchannel heat exchangers is to decrease component size and cost as 

much as possible, the results suggest that the more computationally intensive non-equilibrium 

model, in which the coupled effects of heat and mass transfer are accounted for will provide a 

more compact design. It should be noted that the present analysis was conducted for a water-

coupled condenser, in which the ratio of the working fluid resistance to the water-side resistance 

was nearly unity (Rratio,avg = 0.9, Rratio,max = 2.14, Rratio,min = 0.45). For air-coupled condensers, 



Journal of Energy Resources Technology 

JERT-15-1398  Fronk, 24 
 

where the air-side resistance is expected to be much greater, the required heat transfer area may be 

less sensitive to the selected working fluid heat transfer model. 

Another interesting observation are that the maximum mass fluxes allowed by the pressure 

drop constraint are relatively low (G < 81.1 kg m-2 s-1) and that the specified heat exchangers have 

high aspect ratio (short flow length versus a large face area) and thousands of multiple channels. 

Much of the experimental work on single and multi-component condensation in small channels 

has been conducted at higher mass fluxes [26]. These prior studies have shown a strong effect of 

mass flux on heat and mass transfer in mini and microchannels. Thus, many of the empirical and 

semi-empirical models that have been developed from relatively high-flux laboratory experiments 

may not be applicable for the design of actual heat transfer equipment.  

6. Conclusions 

The results presented here demonstrate the effect of different heat and mass transfer models on 

the size of heat exchangers required to enable small-scale ammonia/water Kalina power systems. 

As shown, these systems can efficiently (14.9% for the baseline conditions here) generate 

electricity using low-grade thermal resources. The basic system analysis presented here is by no 

means comprehensive. Certainly, there are numerous different Kalina cycle configurations, 

source/sink temperatures and other assumptions (i.e., closest approach temperature, rotating 

equipment efficiency, etc.) that can yield different overall efficiency and individual heat exchanger 

required heat duties. However, the purpose of the baseline cycle analysis was to provide reasonable 

input variables to the microchannel heat exchanger model for application in a small scale waste 

heat recovery system. In the system configuration analyzed here, three different heat exchangers 

are required. In each heat exchanger, zeotropic mixtures of ammonia/water undergo either 
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evaporation, condensation, or desorption/absorption. All of these processes require careful 

consideration of the multiphase, coupled heat and mass transfer process.  

To assess the sensitivity of component and thus system size to these predictions, the partial 

condenser was analyzed in detail. A parametric analysis revealed that the non-equilibrium model 

of Fronk and Garimella [40] produced the smallest heat exchanger, with the equilibrium 

approaches producing heat exchangers up to 58% larger. In an earlier work, the Fronk and 

Garimella [40] model showed good agreement with ammonia/water condensation data in a single 

microchannel tube (0.98 < D < 2.16 mm), similar to the conditions in the present study. However, 

further validation of the approach when scaled to a full condenser is required. 

The results for all five heat transfer modeling approaches reveal that hundreds of parallel 

channels are required to maintain satisfactory pressure drop, resulting in heat exchangers that are 

nearly as wide as they are long. Furthermore, the results show that the maximum allowable 

working fluid mass flux was between 75 and 81 kg m-2 s-1. For scenarios which require even greater 

heat duty (e.g, 100% condensation versus the approximately 20% in the present analysis), the 

maximum allowable mass fluxes may be even lower. These results suggest that additional work is 

required in the following areas: 

 

 Detailed understanding of microchannel flow distribution and header design. These 

insights will be critical for the adoption of microchannel heat exchangers into compact, 

kilowatt/megawatt scale heating, cooling, and power systems.  

 Understand multiphase microchannel transport phenomena at very low mass fluxes to 

replicate the conditions that are expected in a real system. This may require the 
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development of new techniques for dealing with the experimental difficulties of very low 

flow rates, heat duties and temperature differences.  

 Verification of non-equilibrium film model for a full condenser design. 

 Understand multiphase, multicomponent heat and mass transfer in micro-geometries other 

than multiple parallel microchannels to minimize pressure drop while maintaining high 

heat transfer coefficients. Examples include pin fin arrays or the use of varying diameter 

fractal like microchannel features [48,49]. These may yield more compact heat exchanger 

requiring less complicated headering structures.  

 By designing optimized small-scale systems to exploit vast waste heat resources, nearly 

carbon neutral capacity can be added without the costly construction of new renewable or non-

renewable plants. 
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APPENDIX A 

A.1 Fronk and Garimella [40] Condensation Heat Transfer Model 

Determine flow regime: 

 

 

*

*

*
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V L V

Annular flow                 2.5

Non-annular flow         2.5
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j
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G q
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D g   


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
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   

   (13) 

For annular flow: 
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   (14) 

Phase velocities (UV and UL) and film thickness are determined from Keinath and Garimella [47] 
microchannel condensation void fraction model: 
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   (15) 

For non-annular flow: 
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   (16) 

where 
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A.2 Kim and Mudawar [45] Condensation Heat Transfer Model 

Determine flow regime: 
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For annular flow: 
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Where the two-phase multiplier is calculated from Table A.1 [50]. 
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Table A.1 Calculation of two-phase multiplier from Kim and Mudawar [50] 
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For non-annular flow: 
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A.3 Shah [44] Condensation Heat Transfer Correlation 
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A.4 Keinath [46] Condensation Pressure Drop Model 
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Figure Caption List 

Fig. 1: Kalina cycle schematic 

 

Fig 2. Schematic of coupled heat and mass transfer resistances during zeotropic condensation 

 

Fig 3. Kalina cycle simulated efficiency versus bulk ammonia mass fraction at different 
evaporator pressures 

 

Fig 4. Schematic of (a) single microchannel heat exchanger slab and (b) concept of multi-slab 
microchannel heat exchanger 

 

Fig. 5: Schematic of segmented model 

Fig. 6: Non-equilibrium model inputs and outputs 
 
 
Fig. 7: Heat exchanger area versus condensation modeling approach 
 
 
Fig. 8: Comparison of (a) Fronk and Garimella [40] heat transfer coefficient with and without 

Silver-Bell-Ghaly correction factor and (b) local heat flux of non- equilibrium and 
equilibrium condenser design model 
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Table Caption List 

Table 1: Assumptions for cycle analysis 
 
Table 2: Kalina cycle thermodynamic model state points model relations 
 
Table 3: Microchannel heat exchanger model inputs 
 
Table 4: Calculated heat exchanger parameters for each microchannel modeling approach 
 
Table A.1 Calculation of two-phase multiplier from Kim and Mudawar [50] 
 

 


	JERT Repository Form
	American Society of Mechanical Engineers
	Institutional Repository Cover Sheet

	ASME Accepted Manuscript Repository

	J2016 Fronk Zada JERT FinalSub

