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Abstract
Miniaturization and enhanced performance of microchips has resulted in powerful electronic devices with high heat flux 
components. For these advanced electronics, the current heat transfer method of single-phase forced convection is reaching 
its thermal limit and more effective cooling solutions are needed. A pumped two-phase loop, in which a pump circulates a 
working fluid that evaporates to absorb heat, can offer a solution. In this paper the cooling performance of a pumped two-
phase loop is discussed and validated. A numerical tool has been developed to aid in designing a fit-for-purpose pumped 
two-phase loop and to predict its behaviour to changing system parameters and heat inputs. Results from the numerical model 
are compared with temperature, pressure and flow velocity measurements obtained from a prototype setup. The effects of 
applying varying heat loads on both a single evaporator and on multiple evaporators simultaneously either in series or in 
parallel have been investigated. Heat transfer coefficients between 7 and 10 kW/m2K were obtained during the experiments. 
Model predictions correspond well to the measured performances and findings on the two-phase boiling behaviour are 
presented. The model is particularly useful for the rapid assessment of the layout of a pumped two-phase loop for high heat 
flux electronics cooling.

Nomenclature
μl 	� Liquid dynamic viscosity [Pa·s]
μv 	� Vapour dynamic viscosity [Pa·s]
ρl 	� Liquid density [kg/m3]
ρv 	� Vapour density [kg/m3]
A 	� Cross sectional area [m2]
As 	� Surface area [m2]
ctm 	� Specific heat of thermal mass [J/kgK]
d	� Channel diameter [m]
Ecv 	� Energy present in control volume [J]
Ffric 	� Frictional force [N]
Fgravity 	� Gravitational force [N]
g 	� Gravitational acceleration [m/s2]
h 	� Heat transfer coefficient [W/m2K]
H 	� Specific enthalpy [J/kg]
Hlv 	� Latent heat of vaporization [J/kg]

k 	� Thermal conductivity [W/mK]
KL	� Minor loss coefficient [-]
L 	� Channel length [m]
mcv 	� Mass present in control volume [kg]
mtm 	� Thermal mass (evaporator) [kg]
m ̇ 	� Mass flow rate [kg/s]
P 	� Pressure [Pa]
Pacc 	� Accumulator pressure [Pa]
q 	� Heat input [W]
q” 	� Heat flux [W/m2]
Q ̇ 	� Rate of heat transfer [W]
Q ̇hc 	� Heat generated by heating cartridge [W]
t 	� Time [s]
Tb 	� Evaporator block temperature[K]
Tc 	� Cooling water temperature [K]
Tf 	� Working fluid temperature [K]
Tt 	� Evaporator tube temperature [K]
Ttm 	� Temperature of thermal mass [K]
u 	� Fluid flow velocity [m/s]
U 	� Overall heat transfer coefficient [W/m2K]
Vacc 	� Accumulator volume [m3]
W ̇ 	� Mechanical work done on working fluid [W]
x	� Distance between thermocouples [m]
z	� Height with respect to a reference level [m]
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1  Introduction

1.1 � Background

In recent decades, electronic devices have become increas-
ingly smaller and more powerful. This has been facili-
tated by advances in the production of microprocessors, 
amongst others by approximately doubling the number 
of transistors on a chip, as predicted by Moore’s law [1]. 
However, miniaturisation of chips and increasing pro-
cessing speed decreases the heat transfer surface area and 
increases power consumption, causing higher heat flux 
densities. This poses great challenges to thermal manage-
ment technologies in order to maintain operation within 
acceptable safety ranges [2]. For some general electronic 
devices like personal computer CPUs and server racks, tra-
ditional air cooling can be sufficiently effective in solving 
the thermal challenges by optimizing the heat sink design 
[3]. However, for advanced high-performance electron-
ics devices, the current heat transfer method of forced air 
convection is reaching its limit and more effective cooling 
solutions are needed [2, 4].

Next to conventional thermal management approaches 
using convection based on air or coolant circulation, for 
cooling high power density electronics the application of 
a phase-transitional method is a promising technology [5]. 
Such two-phase cooling systems rely on absorption and 
release of heat by evaporation and condensation, respec-
tively, of a working fluid. This technique exploits the 
latent heat of the working fluid, which is orders of mag-
nitude higher than the sensible heat used in conventional 
convection-based systems. As a consequence, the work-
ing fluid’s mass flow rate can be significantly decreased, 
opening opportunities for smaller and more efficient cool-
ing systems [6]. Furthermore, as obtainable heat transfer 
coefficients in evaporative systems are much larger, com-
ponent temperatures can be kept at a lower level as well.

Lately, industry has readily adopted passive two-phase 
systems in the form of heat pipes [7]. These are hermeti-
cally sealed enclosures, commonly metal tubes, with a 
wick structure at the inner walls capable of transporting 
the working fluid by capillary forces. Although very effi-
cient, heat pipes are limited in heat transport capability in 
terms of size, shape and length due to frictional and body 
forces [8]. As a solution, variants of conventional heat 
pipes, such as loop heat pipes, capillary pumped loops 
and pulsating heat pipes, have found market entry for spe-
cific niches [7]. In all cases however, the wick structure 
and associated capillary pumping capacity poses a serious 
restriction on terrestrial applications for relatively large 
or vertically oriented systems and systems in motion [9]. 
Also, the start-up behaviour, temperature control and cool-
ing of multiple components are precarious with passive 

two-phase systems [10]. To overcome these issues, a 
mechanically-driven two-phase system, in which a pump 
rather than a wick structure circulates the working fluid 
through the system, can offer a solution. Such a system 
can effectively cool microchips using cold plates [6] or 
by integrating the cooling channels directly into the PCB 
[8]. Compared to a single-phase system, the lower mass 
flow rate requires less pumping power, reducing the power 
consumption footprint as well. The pump however has a 
drawback that, next to careful dimensioning, internal pres-
sure fluctuations due to evaporation of the working fluid 
must be compensated for. This paper addresses this both 
numerically and experimentally for a system in which mul-
tiple parallel evaporators are applied for the cooling of 
multiple components.

1.2 � Literature review

Preliminary studies on two-phase heat transfer started in 
the 1980s in the USSR [11]. In the 1990s, work on two-
phase pumped loops was continued for application on the 
Mir-2 space station [12]. Meanwhile, developments of 
aerospace-related mechanically pumped two-phase heat 
transfer systems took place at NASA [13, 14]. At the turn 
of the century, a mechanically pumped two-phase loop with 
ammonia as working fluid for the thermal control system 
for the International Space Station (ISS) was proposed by 
Bednov et al. [15]. Similarly, an application was proposed 
for the Alpha Magnetic Spectrometer (AMS-02) on the ISS 
by Delil et al. [16]. In this system, carbon dioxide (CO2) was 
used as working fluid to keep the particle detector at a very 
stable temperature.

In 2008, the use of pumped two-phase loops in terrestrial 
applications was reported by Verlaat et al. [17]. They con-
cluded that a pumped two-phase system with a controlling 
accumulator and CO2 as working fluid would be a good 
candidate for the ATLAS detector at CERN. In 2010, Sharar 
et al. [6] reviewed the potential of a pumped two-phase loop 
for army vehicle applications. Similarly, Van Es and Van 
Gerner [18] discussed the benefits and drawbacks for its use 
in military platforms in 2013. Currently, the technology has 
also been adopted for cooling of high heat load electronics 
typically found in data-centre environments [19]. In 2019, 
Zhang et al. [20] reviewed the latest technological applica-
tions and reported a lack of knowledge on the effect of sys-
tem elements such as the pump and reservoir, working fluid 
properties and temperature control methods. The numerical 
and experimental approach of this paper seeks to address 
this lack of knowledge.

Despite difficulties in predicting two-phase flow behav-
iour and challenges involved in flow boiling in small 
channels, two-phase loops have been used successfully in 
practice [19, 21]. So far, research has mainly focussed on 
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understanding the behaviour of flow boiling and understand-
ing the behaviour of a pumped two-phase cooling system 
as a whole by numerical modelling and testing. Jie et al. 
[22] developed a pumped two-phase cooling system with 
CO2 as working fluid and focussed on the robustness and 
reliability of the system with multiple evaporators. The 
effects of unbalanced heat loads and recovery from dry-out 
conditions were investigated. Lee and Park [23] worked on 
a hybrid two-phase loop, in which both a pump and capil-
lary pressure were applied to transport the liquid. They cre-
ated an experimental setup with methanol as working fluid 
and built a thermal-hydraulic network model, in which the 
mass, momentum and energy equations were simultaneously 
solved at eight locations (nodes) in the loop. Van Gerner and 
Braaksma [21] developed a model based on simplified one-
dimensional Navier-Stokes equations, which were solved 
using the MacCormack predictor-corrector scheme. This 
model focussed on the transient behaviour of a pumped two-
phase system and was validated by an experiment using CO2 
as working fluid. Mass flow and saturation temperatures at 
the condenser could be predicted accurately, yet a mismatch 
in the PID-controlled accumulator behaviour was present. 
Nevertheless, a very high temperature stability was achieved.

Recently, Meng et  al. [24] investigated the transient 
behaviour of a pumped two-phase loop with an active, ther-
mally controlled accumulator using propane as working 
fluid. Transient effects during start-up of the system and 
due to turning heat loads on and off were investigated. It 
was shown that during heat source load-on and load-off 
conditions, oscillations of temperature and pressure in the 
accumulator took place before the pumped loop returned to 
stable operating conditions. Similar research was performed 
by Li et al. [25], in which an experimental setup using ace-
tone was built. They found that pressure oscillations and 
temperature overshoot phenomena occur at the evaporator 
outlet when the system shifts from single-phase to two-phase 
after start-up.

1.3 � Scope and approach

The work presented in this paper extends the aforementioned 
fundamental research into flow boiling and two-phase cool-
ing systems. A first attempt to the development of a design 
tool for a pumped two-phase loop is presented. To this 
extent, a fast and user-friendly numerical model has been 
built that determines the effects of the system design as a 
whole and its operating conditions on the system’s perfor-
mance. Furthermore, the effects of specific design param-
eters such as accumulator volume, flow rate and channel lay-
out can be predicted. This provides a sound understanding of 
the system’s response to changing conditions and allows for 
fast design iterations as well. The model is based on a control 

volume approach, in which mean thermophysical properties 
are determined for each element of the pumped two-phase 
loop. The basic modelling elements include the pump, accu-
mulator, evaporator, condenser and fluid transport channels. 
These basic elements can be connected to model conceptual 
system configurations. This makes the developed numeri-
cal tool useful for making preliminary design choices for a 
pumped two-phase cooling system. To test the performance 
of an actual system, a prototype pumped two-phase loop has 
been built. Finally, the numerical results of the developed 
model are compared to the experimental results.

2 � Methodology

2.1 � Operating principle

The challenge of describing a pumped two-phase loop is in 
the interaction between the system components and how the 
system reacts to changing operation conditions, such as the 
heat load. This is illustrated in Fig. 1. The figure depicts 
an evaporator and a condenser in a loop. A pump continu-
ously propels the working fluid through the loop. Finally, to 
manage the effect of working fluid expansion, an accumula-
tor is attached to the loop just before the pump. Figure 1(a) 
depicts the system operational mode with a constant flow 
rate of 0.2 l/min, but without any heat load. When the heat 
input is increased, as shown in Fig. 1(b), a part of the liq-
uid flow starts to evaporate in the evaporator section. Since 
the vapour density is much lower than that of the liquid, the 
fluid expands significantly and the flow velocity increases, 
in this exemplary case for CO2 to 0.6 l/min. The expansion 
process causes a liquid/vapour front to travel through the 
loop, at which location the vapour velocity and pressure are 
increased. The liquid/vapour front pushes the liquid ahead 
of the front into the accumulator, in this example at a rate 
of 0.4 l/min as the pump continues to operate at a constant 
flow rate of 0.2 l/min. When the liquid/vapour front reaches 
the condenser, the vapour returns to its liquid form, and the 
velocity at the end of the condenser returns to the initial flow 
value of the loop set by the pump, as shown in Fig. 1(c). The 
two-phase loop has now reached a new equilibrium state with 
more liquid being present in the accumulator. This increases 
the system pressure, as non-condensing gas present in the 
accumulator is being compressed. The opposite process takes 
place when the heat load is decreased. Although the main 
system pressure is dictated by the accumulator, local differ-
ences occur in the loop due to fluid expansion and pipe fric-
tion. In order to predict the effects of changing heat loads on 
the system, a transient model is required that describes the 
system states when altering between steady-state operating 
conditions (i.e. switching between heat loads).
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2.2 � Working fluid selection

Due to its high heat capacity, water would be a safe and 
effective working fluid. However, as documented by Hoang 
et al. [5], it is challenging to implement two-phase cool-
ing with water due to the high boiling point of water at 
atmospheric pressure. Most types of electronics cannot 
tolerate these high junction temperatures [5]. Therefore, an 
alternative working fluid was selected using a Figure Of 
Merit (FOM) approach, in which an assessment criterion is 

defined based on a number of performance requirements. 
This assessment criterion provides a score over a range of 
temperatures for each investigated fluid [27]. For a pumped 
two-phase loop, the flow resistance and the heat transfer rate 
should be considered, as the pump needs to supply enough 
pressure head to overcome the total friction in the loop [24]. 
Van Gerner et al. [27] have proposed an expression for the 
FOM for a pumped two-phase loop, given by Eq. 1. In this 
equation μ is the dynamic viscosity, ρ the density and Hlv 
the latent heat of vaporization of the working fluid. The 

Fig. 1   Illustration of pumped 
two-phase loop operating 
principle, edited from Bolder 
[26]: a and c illustrate the equi-
librium states at zero and high 
power, respectively, while in 
b the system is still in transition 
witnessed by a moving vapour/
liquid front and changing accu-
mulator fill ratio
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subscripts l and v indicate the (saturated) liquid and (satu-
rated) vapour states of the working fluid, respectively.

Several commonly used working fluids were compared 
by determining their FOM over a temperature range from 
10 °C to 90 °C, which is typical for electronics cooling, see 
Fig. 2. Overall, ammonia would perform best, yet this fluid 
was in this case not chosen due to its toxicity. CO2 was found 
to be a high-performance candidate on temperatures lower 
than its critical temperature of 31 °C. As a natural working 
fluid, CO2 is non-explosive, non-flammable, non-toxic and 
relatively low cost. Furthermore, it has no ozone depletion 
potential (ODP = 0) and a negligible direct global warm-
ing potential (GWP = 1) when used as a working fluid [28]. 
These considerations made CO2 the working fluid of choice 
for this study.

2.3 � Evaporator channel dimensioning

The size of the evaporator channels is critical for flow 
boiling behaviour. It is therefore important to distinguish 
between macrochannels and microchannels, since the trans-
port phenomena are significantly different [29]. Flow in 
macrochannels experiences a strong dependence on gravity, 
while flow in microchannels is hardly affected by gravity, 
and depends mostly on surface tension and capillary action. 
A number of definitions exists in literature for the distinction 
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between microchannels and macrochannels, but universal 
agreement is lacking. In general, a consensus for most defi-
nitions yields a hydraulic diameter of around 6 mm as the 
distinctive threshold between micro- and macrochannels 
for water and around Ø3 mm for CO2 [30–32]. For cooling 
applications in high heat-flux, densely packed electronics, 
Mudawar [33] recommends the use of microchannel cool-
ing. This study has a similar focus and hence a microchannel 
design was pursued for the evaporator channels.

3 � Numerical model of the two‑phase system

In order to investigate the transient behaviour of a pumped 
two-phase system and to test the effects of changing system 
parameters, a numerical model has been built in Simulink, 
a MATLAB-based graphical programming environment. 
The aim was to use a modular and graphical approach, in 
which each component of the loop is represented by its own 
sub-system element, as shown in Fig. 3. In this way, alterna-
tive configurations can easily be simulated by selecting the 
appropriate sub-system elements and without altering the 
underlying code. In this case, Fig. 3 shows an exemplary 
configuration with four evaporator lines in parallel with 
each two evaporator blocks in series. The evaporator sub-
system elements describe heat absorption from for instance 
electronic components that require active cooling. Multiple 
layouts with evaporators in series and/or in parallel can be 
analysed following this modular approach. The condenser 
sub-system element describes heat transfer from the working 
fluid to, in this particular case, a reservoir of cooling water. 

Fig. 2   Figure of merit for several commonly used working fluids following Eq. 1
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The accumulator sub-system element models the effect of 
fluid in- or outflow due to fluid expansion and relates this 
to the system pressure. The pump sub-system element deter-
mines the pressure required at the beginning of the loop 
in order to overcome frictional losses in the system for a 
set flow rate. Finally, transport channels model the working 
fluid circulation by interconnecting all sub-system elements 
into a loop.

3.1 � Model theory

To describe all components of the pumped two-phase loop, 
a control volume method is used for deriving the govern-
ing equations. For a fixed control volume with well-defined 
boundaries, the control volume method significantly reduces 
the complexity of the mass, momentum and energy conser-
vation equations. In this case, the boundaries are set by the 
geometric design of the components; e.g. volume, cross-
sectional area and length. The conservation laws can be 
formulated in algebraic form rather than in integral form 

[34, 35]. The resulting general algebraic equations for mass, 
momentum and energy conservation are given by Eqs. 2–4, 
respectively.

In these equations, m ̇ indicates the mass flow rate, u 
the fluid velocity, P the system pressure and A the cross-
sectional area of the channels. Ffric is the force due to wall 
friction acting on the fluid and Fgravity the force exerted on 
the fluid by gravity. In the energy equation, H is the fluid’s 
enthalpy, g the gravitational acceleration and z height with 

(2)
dmcv

dt
= ṁin − ṁout

(3)

(4)

Fig. 3   Schematic overview of the applied modular modelling approach and modelled sub-system elements
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respect to a reference level. Qṅet indicates the net rate of heat 
transfer to the fluid and Wṅet is the net mechanical work done 
on the fluid.

Note that in the definition of Eqs. 2–4, it is assumed that 
flow at the in- and outlets is uniform and work due to vis-
cous forces is neglected in the energy conservation equa-
tion. In mixture regions, both the liquid and vapour phases 
are assumed to be in the saturated state and move with the 
same velocity. The transport channels are considered adi-
abatic, hence there is no heat transfer with the environment. 
Since the prototype setup is largely oriented horizontally 
and total height differences are less than 0.5 m, gravita-
tional effects (i.e. Fgravity and gz) are ignored, as indicated 
in Eqs. 3 and 4. Furthermore, the contribution of kinetic 
energy (i.e. u2/2) is neglected in Eq. 4, as this effect is neg-
ligible compared to the fluid’s enthalpy. Finally, since work 
done by the pump is small compared to the heat input at the 
evaporator section, the mechanical work is ignored as well 
in Eq. 4. For instance, in the case where 100 W is applied 
to the evaporator, the increase in enthalpy by kinetic energy 
is 75× smaller than the increase in enthalpy by heat input, 
while the increase in enthalpy due to mechanical work by 
the pump is 2500× smaller.

3.2 � Model implementation

For sub-system elements in which heat transfer takes place, 
as e.g. in the evaporator and condenser elements, all con-
servation laws need to be applied, while for the adiabatic 
transport channels the energy equation is not needed. In sub-
system elements with short channels, like the evaporator, 
frictional losses are ignored. In order to connect all elements 
that make up a two-phase loop and to transfer properties 
between the elements, the state of the system at each ele-
ment is defined by three parameters: enthalpy, pressure and 
velocity. Enthalpy and pressure are the state variables that 
determine the (local) fluid properties of the system. Based 
on a given enthalpy and pressure, other fluid properties are 
obtained using the NIST REFPROP database [36]. This also 
applies to the vapour quality, which is defined as the mass 
fraction of vapour in the liquid–vapour mixture. The veloc-
ity serves as an indirect measure for the mass flow rate in 
the system and is used to compute frictional losses between 
sub-system elements.

Figure 4 illustrates the control volumes that are used 
to derive the governing equations for the evaporator, con-
denser and transport channels. Based on the generic con-
servation Eqs. 2–4 and taking into account the aforemen-
tioned assumptions, the local conservation equations for 
mass, momentum and energy are derived, see Eqs. 5–7, 
respectively. In these equations, the mass flow rate is writ-
ten as the product of density and velocity, while the fric-
tion forces at the channel walls result in a pressure loss 

in the momentum equation. The density is constant for 
each time integration step and the outgoing variables (with 
subscript out in Eqs. 2–4) are the control volume variables 
of the previous time integration step. The energy equation 
is written in terms of enthalpy, since the fluid parameters 
are based on the local enthalpy and pressure. Furthermore, 
the advantage of using enthalpy is that subcooled liquid 
and superheated vapour can be determined in the model 
without additional computational steps.

The rate of heat transfer to the working fluid Q ̇in in the 
evaporator is determined by a heat balance between the 
working fluid and the thermal mass of the evaporator, see 
Eq. 8. Here, As,evap is the surface area of the evaporator’s 
microchannels, Tf is the temperature of the working fluid 
and Ttm the temperature of the thermal mass. The latter is 
computed by Eq. 9, in which Q ̇hc is the heat input rate to 
the system, and mtm and ctm the mass and thermal capacity 
of the thermal mass, respectively.

The heat transfer coefficient h in Eq. 8 is kept con-
stant for each simulation run. In practice however, the 
heat transfer coefficient changes with heat flux, satura-
tion temperature and mass flow rate. Empirical relations 
that predict the heat transfer coefficient depending on local 
two-phase flow conditions are known to have error mar-
gins up to 30% [37]. Hence, to quickly evaluate system 
layouts, as is the goal of the numerical model, using a 
constant heat transfer coefficient is sufficiently accurate. 
Moreover, validation of the model using experimental data 
is more convenient this way. As a consequence however, in 
the actual prototype setup the heat transfer coefficient will 
drop during cool down of the evaporator, as the heat flux 
decreases. Since in the numerical model the heat trans-
fer coefficient is constant, a faster evaporator cool-down 
effect will be predicted. This effect can be found when 
comparing the output from the numerical model with the 
actual system response. For the purpose of this numerical 
model this effect is however negligible.

(5)AL
d

dt
(�) = Auin�in − Au�

(6)AL
d

dt
(�u) = Au2

in
�in − Au2� + AΔP − AΔPfric

(7)AL
d

dt
(𝜌H) = Q̇in + Auin𝜌inHin − Au𝜌H

(8)Q̇in = hAs,evap(Ttm − Tf )

(9)d

dt
(T

tm
) =

Q̇hc − Q̇in

mtmctm
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In the condenser, the outgoing heat transfer rate Q ̇out is 
determined similarly following Eq. 10. In this equation U 
is the overall heat transfer coefficient between the working 
fluid and the cooling water and Tc the temperature of the 
coolant. In the prototype setup, the condenser consists of 
a copper spiral running through a vessel of cooling water, 
hence Tc is the cooling water temperature. As,cond is the 
total surface area of the condenser spiral. To determine 
the overall heat transfer coefficient, the Dittus–Boelter 
correlation is used to calculate the heat transfer rate from 
the liquid CO2 to the inner tube wall and the external heat 

transfer rate can be approximated as natural convection 
over a horizontal cylinder.

Since the outputs of a control volume element are the 
fluid properties at the outlet, no information is obtained 
about what happens inside the control volume. This is prob-
lematic for the condenser, as the friction inside the element 
depends on the vapour quality and fluid velocity inside the 
element. As was illustrated in Fig. 1 (c), when heat is added 

(10)Q̇out = UAs,cond(Tf − Tc)

Fig. 4   Control volume model for the evaporator (a), condenser (b) and adiabatic transport channel (c)
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to the system, the vapour fraction inside the condenser ele-
ment starts to increase as the vapour does not immediately 
condense when it reaches the condenser. This increasing 
vapour fraction causes the liquid that is present to be pushed 
forward, increasing the output velocity. When only one con-
trol volume element is used to model the condenser, these 
effects are ignored. Therefore, the condenser element in the 
numerical model is split in several sub-elements. Iteratively, 
it was determined that a total of 10 sub elements provides 
a good balance between computational time and accuracy.

In order to determine the pressure loss due to friction 
in the transport channels and the condenser, the two-phase 
pressure loss correlation by Müller-Steinhagen and Heck 
was applied [38]. Xu et al. [39] reviewed 29 correlations 
and compared them with 3480 experimental data points, and 
found this correlation the most accurate. The correlation by 
Müller-Steinhagen and Heck is essentially an empirical two-
phase extrapolation between all-liquid flow and all-vapour 
flow. Therefore, this relation can be applied to each trans-
port channel and condenser sub-element in the pumped-
two phase loop model, whether the flow is two-phase or 
single-phase.

In accordance to the actual setup, the system pressure in 
the model is dictated by the accumulator. A passive mem-
brane accumulator is used in which the pressure increases 
when working fluid enters the accumulator. At the gas side 
of the membrane an inert gas (typically nitrogen) is pre-
sent, which is being compressed when liquid enters the 
accumulator. This is illustrated in Fig. 5. Before the system 
is pressurized, the accumulator is in State 0, in which the 
accumulator gas is at the prefill pressure P0. P0 should be 
lower than the desired system pressure. When the system is 
pressurized, some liquid CO2 is present in the accumulator 
as illustrated by State 1 at the initial time t = 0. During opera-
tional conditions, the accumulator will absorb more liquid 

when expansion takes place in the system. This results in an 
increase of system pressure as the nitrogen gas is being com-
pressed. This is depicted by accumulator State 2 in Fig. 5.

The amount of liquid CO2 that flows into or out of the 
accumulator is determined by the velocity at the accumula-
tor inlet uin minus the flow velocity in the loop uout, as dic-
tated by the pump. As the liquid entering the accumulator is 
considered incompressible, the gas volume rate of change 
is given by Eq. 11, where Vacc represents the volume of gas 
present in the accumulator and Aacc the cross-sectional area 
of the accumulator inlet tube. Integrating this relation with 
respect to time yields the accumulator gas volume Vacc (t) 
at time t. Using the ideal gas law for constant temperature 
conditions, the accumulator pressure at this time instance 
Pacc (t) can be computed by Eq. 12.

The pump itself is assumed to deliver a constant flow 
velocity, which can be set in the model. To do so, the pump 
needs to deliver enough pressure to overcome the frictional 
losses in the system. Since the frictional losses depend on 
the flow velocity and vapour-liquid mixture fraction of the 
complete loop [40], the model can only compute the total 
pressure loss at the pump inlet at the end of the loop. In 
practice, the system pressure at the pump inlet is set by the 
accumulator. Hence, the differential pressure generated by 
the pump should be sufficient to yield a pump inlet pressure 
equal to the accumulator pressure. To smoothly correct for 
changing pressure losses in the system (e.g. when the heat 
load at the evaporator changes), the difference between the 

(11)
dVacc

dt
= −

(

uin − uout
)

Aacc

(12)P
acc(t) =

P
acc(t=0)Vacc(t=0)

V
acc (t)

Fig. 5   Schematic overview of 
the accumulator operating prin-
ciple. From left to right: State 
0 as installed at prefill pressure 
P0, State 1 at initial working 
pressure P(t=0), and State 2 at 
operating pressure P(t)
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accumulator pressure and the pressure at the pump inlet is 
fed to a PI controller. This controller determines the required 
output pressure at the pump to obtain the correct system 
pressure at the pump inlet, which should be equal to the 
accumulator pressure.

Reducer sub-system elements are used when channels 
with different internal diameters are connected. This occurs 
for example at the connection between the evaporator chan-
nels with an internal diameter of 2 mm and the transport 
channels with an internal diameter of 4 mm. Pressure losses 
in reducing fittings can be determined using Eq. 13, in which 
KL is the minor loss coefficient, as defined by Çengel and 
Cimbala [41]. The minor loss coefficient is a function of the 
ratio between the internal diameters of the connected pipes 
squared (d1

2/d2
2), where d1 and d2 are the inner diameters of 

the smaller and larger channel, respectively.

For the afore reducer elements, the minor loss coefficient 
is 0.3 when the channel diameter is reduced and 0.4 when 
the channel diameter is increased [41]. In order to evaluate 
the impact of the reducer’s minor loss terms of the prototype 
setup, an exemplary case is assumed in which a total heat 
input of 100 W is applied on a single evaporator channel, 
while the pump circulates the working fluid at 300 ml/min. 
In this case, the simulation predicts a total system pressure 
drop of about 9 kPa, which must be delivered by the pump. 
At the evaporator section the working fluid enters at 1.5 m/s 
with a fluid density of 770 kg/m3, which, following Eq. 13, 

(13)ΔPL =
1

2
�u2KL

results in a pressure loss of 260 Pa; i.e. 3% of the total loss. 
Similarly, at the evaporator exit the two-phase fluid has 
an average density of 625 kg/m3 and a velocity of 1.8 m/s, 
resulting in a pressure loss of 400 Pa; i.e. 4% of the total 
loss. As the reducer’s pressure losses are relatively small, 
they may be ignored in the numerical model, which allows 
the reducer’s output velocity to be solely dependent on the 
cross-sectional differences of the connected channels.

An overview of the Simulink model for the prototype 
setup is shown in Fig. 6. As aforementioned all compo-
nents are coupled by the state variables H, P and u.

The algebraic forms of the conservation laws are all 
first-order Ordinary Differential Equations (ODEs) in 
time. Because some terms in the equations (e.g. flow 
velocity, fluid enthalpy) may lead to rapid variations in the 
solution space, the model can be classified as a stiff prob-
lem. The differential equations are numerically integrated 
in Simulink using MATLAB’s ODE15s solver, which is 
accurate for stiff problems [42]. At each time step, local 
fluid properties for the sub-system elements are updated 
based on the fluid enthalpy and pressure at that element. A 
numerical analysis of a 10-min run of a single-evaporator 
loop corresponding to Fig. 6 can be performed in about 
30 s on a regular desktop PC. This makes the tool particu-
larly suitable for system design studies, as the effects of 
changing system parameters on the system performance 
can be quickly evaluated. This is a strong benefit of this 
approach in contrast to e.g. a Computational Fluid Dynam-
ics (CFD) analysis, which may easily occupy several hours 
for a single run on a similar desktop PC.

Fig. 6   Developed modular Simulink model for a two-phase pumped loop with, in this case, a single evaporator
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4 � Prototype setup

A prototype setup of the pumped two-phase cooling sys-
tem was built and served essentially two purposes. In the 
first place, it was used to verify the numerical model and 
to determine if the model is able to accurately predict sys-
tem performance. Secondly, the prototype helps to deter-
mine the practical limits of the system in terms of critical 
heat flux and dry out. As mentioned, the developed model 
assumes a constant heat transfer coefficient in the evapora-
tors, regardless of the vapour fraction. Hence, full liquid 
evaporation would be allowed in the model without the 
occurrence of dry out. A schematic view of the experi-
mental setup is shown in Fig. 7, in which the locations 
and corresponding numbers of the applied evaporators, 
evaporator tubes and sensors are indicated.

For the experiments, the saturation temperature of the 
CO2 working fluid was set to 25 °C by controlling the 
initial accumulator pressure. The maximum working fluid 
temperature is limited by the CO2 critical temperature of 
31 °C, as was shown in Fig. 2. At this point the fluid 
will enter a supercritical state and two-phase behaviour 
will no longer be sustained. At the same time, in order to 
dispose the heat to a passive condenser, the temperature 
difference with the environment must be sufficient. For 

the anticipated heat loads, bringing back the working fluid 
temperature to 25 °C at the condenser section is possible. 
To reach a saturation temperature of 25 °C, the initial sys-
tem pressure must be 65 bar according to the equation of 
state. During the experiments, the overall system pressure 
may change when the accumulator absorbs liquid CO2 to 
account for fluid expansion in the system.

4.1 � System components

Five evaporators are included in the prototype setup, which 
allow for heat dissipation to the system and mimic electron-
ics components that require active cooling. The evaporators 
consist of copper blocks in which heat is generated using 
heating cartridges. The cartridges are cylindrical metal 
devices that heat up when electrical power is supplied. 
Power is supplied to the heating cartridges using a variable 
transformer. The voltage and current are measured by mul-
timeters to accurately determine the power that is supplied 
to the system. The CO2 working fluid flows through these 
blocks in copper tubes with an inner diameter of 2 mm and 
an outer diameter of 3 mm. All other tubing in the system is 
made from aluminium and has an inner diameter of 4 mm 
and outer diameter of 6 mm. For the condenser, a submerged 
coil heat exchanger is used, in which a 10 mm copper coiled 

Fig. 7   Schematic overview of the experimental setup including Evaporators 1–5, Evaporator tubes 1–4, and sensor types and locations
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brake line is submerged in a vessel with about 60 l of cool-
ing water at 20 °C. Such reservoir is large enough to store 
the experimental heat loads without significant temperature 
increase. During off time the reservoir is allowed to cool 
back to laboratory conditions.

A passive membrane accumulator is used to account for 
the expansion of the working fluid in the loop. Inside the 
accumulator a membrane separates inert nitrogen gas at the 
top section from the CO2 working fluid at the bottom sec-
tion. The nitrogen gas is compressed a priori to 60 bar. The 
accumulator has a total capacity of 2 l, which is sufficient to 
account for a maximum expected CO2 inflow of 50 ml dur-
ing the experiments. This expected inflow is based on a sim-
ulation performed with the numerical model, where a total 
heat input of 600 W was applied to the evaporator. Using 
the ideal gas law and a maximum desired system pressure of 
67 bar, the required accumulator volume was determined to 
be 2 L. When the system is at its operational pressure, some 
liquid CO2 is present in the accumulator. This is required 
to prevent the membrane from sticking to the accumulator 
walls. When heat is added to the system and vapour starts 
to form in the evaporator, liquid-phase CO2 will be pushed 
into the accumulator. In that case, the CO2 working fluid 
will expand and nitrogen is compressed, which will increase 
the system pressure moderately.

To continuously propel the working fluid through the loop, 
a small gear pump is used (TCS Micropumps MGD1000S). 
The stock version of this micropump has been modified to 
handle a system pressure up to the critical CO2 pressure by 
replacing wetted parts made from plastic by metal equiva-
lents. Since the fluid displacement per pump stroke is small, 
the gear pump can stably deliver the relatively low flow rates 
that are required for this application (< 400 ml/min). During 
operation the energy consumption of the pump is approxi-
mately 0.4 W, which is negligible compared to the amount 
of thermal power that is being transferred.

4.2 � Data acquisition

A single variable-area flow meter (KROHNE DK37 M8E) 
was installed between the condenser and the accumulator. The 
flow meter, which has a repeatability accuracy of ± 3 ml/min, 
is used to determine the actual output flow generated by the 
pump. Furthermore, the flow meter measures the temporary 
change in flow velocity when the heat load is adjusted to the 
evaporator(s) due to either fluid expansion or compression. 
Three IFM pressure transmitters with a range between 0 and 
100 bar, and < 0.5% accuracy were mounted to the setup. The 
system pressure was recorded before and after the evapora-
tion section, and after the accumulator. The resolution of the 
pressure sensors is not sufficient to determine local pressure 
differences due to frictional losses; however, the sensors can 
accurately determine the system pressure. Finally, in total, 

42 T-type thermocouples were mounted on the copper blocks, 
tubing, accumulator and inside the cooling water and in the 
ambient air. The thermocouples were calibrated with an initial 
test, in which the system temperature was logged for several 
hours at constant temperature. The average value of all ther-
mocouple measurements was used as baseline and the offset 
for each thermocouple was corrected for during the actual 
experiments. The thermocouples can measure relative tem-
perature differences with about 0.05 K accuracy. Note that this 
accuracy is not applicable to the absolute temperature values.

A data acquisition system is used to monitor and record 
sensor data during the experiments. Next to steady-state 
results, this gives the opportunity to track the transient 
behaviour of the system. Due to the limited processing speed 
of the data acquisition system, data could only be stored 
every 5 s. An overview of the uncertainties involved with the 
prototype measurements is given in Table 1. Note that the 
uncertainty of the derived quantities depends on the actual 
measured values, since the thermocouples and multimeters 
provide an absolute accuracy and not a relative value. Fol-
lowing Eqs. 14 and 15, the measurement uncertainty was 
computed following a standard error analysis method using 
baseline input values and found to be approximately 5%.

The thermocouple measurements on the evaporator blocks 
and on the copper tubing connecting these blocks are used 
to estimate the heat transfer coefficient between the copper 
blocks and the CO2 working fluid inside the tubes, based on 
Eq. 14. In this equation, Ts is the tube’s outer surface tem-
perature. For practicality of measurement, Ts is assumed to 
be equal to the block temperature Tt measured directly above 
the tube, see Fig. 8. The difference in temperature is deemed 
insignificant as the offset distance is small, only 3 mm, and 
the thermal resistance of copper is small compared to the 
convective thermal resistance inside the tube. Tf is the mean 
fluid temperature inside the tube. In this case, the average of 
the incoming Tin and outgoing fluid temperature Tout for each 

Table 1   Uncertainties for measured and derived quantities

Variable Symbol Unit Uncertainty

Measured quantities
Temperature T [K]  ± 0.05 K
Pressure P [Pa]  < 0.5%
Flow rate V̇ [L/min]  ± 3 ml/min
Voltage U [V] 0.1 V
Current I [A] 0.01 A
Derived quantities
Heat transfer 

coefficient
h [W/m2K] Following Eq. 14, appr. 

5%
Heat flux q” [W/m2] Following Eq. 15, appr. 

5%
Heat input q [W] Following q = U∙I, appr. 

1%



Heat and Mass Transfer	

1 3

block is taken as the mean fluid temperature. As one heating 
cartridge was used for heating two tubes, the individual contri-
bution to each tube was determined by computing the heat flux 
q" according to Eq. 14. Here, ∆T is the temperature difference 
between the middle of the block Tb and the location above the 
tube Tt, and ∆x is the distance between the thermocouples at 
these locations. The parameters involved in Eqs. 14 and 15 are 
schematically indicated in Fig. 8.

For the experimental analysis, the measured heat transfer 
coefficient h will be used to determined system performance, 
identify dry out and to compare results with other pumped 
two-phase loop experiments in literature. Furthermore, the 
heat transfer coefficient is required to determine the heat input 
at the evaporator in the numerical model, Q̇in of Eq. 8. As the 
developed model uses a modular evaporator with one ther-
mal mass and heat input, the heat transfer coefficient should 
be based on a mean evaporator temperature. The measured 
heat transfer coefficient, based on Eq. 14, however uses the 
temperature Tt just above the tube. Herewith the heat transfer 
coefficient is slightly overestimated; however, other empiri-
cal relations from literature are known to be 30% off [37]. 
The advantage is this approach is that measured values can be 
better compared to literature sources without having to com-
pensate for the evaporator block design.

5 � Results

The experiments performed with the prototype setup were 
aimed to identify the system's limits, i.e. how much heat 
the system could dissipate and with what evaporator con-
figuration dry out occurs first. Furthermore, a comparison 

(14)h =
qε

Ts − Tf
≈

qε

Tt −
Tin+Tout

2

(15)qε = −k
ΔT

Δx
≈ −k

Tb − Tt

Δx

between predictions of the numerical model and experi-
mental results is made to validate model accuracy. The 
occurrence of dry out is investigated for a fixed flow rate 
of the working fluid with increasing heat load on the evap-
orator section. The comparison with the numerical model 
is made by comparing evaporator block temperatures, sys-
tem pressure and flow velocity after the condenser section.

5.1 � Dry out

To determine the operating range of the prototype setup 
in terms of heat input, tests with gradually increasing heat 
load were performed. The flow rate was kept constant at 
300 ml/min and the heat load was applied to Evaporator 4 
only (see Fig. 7). This round of experiments consisted of 
two sets. In the first set, a single evaporator channel (Tube 
4) was opened while in the second set both evaporator 
channels (Tubes 3–4) were opened. The latter allows the 
working fluid to flow through both tubes simultaneously, 
thereby increasing the heat transfer area and decreasing 
the net heat flux per tube. The heat input is limited by the 
critical heat flux and critical vapour fraction. When the 
critical heat flux or critical vapour fraction is reached, 
dry out takes place and the temperature of the evaporator 
block will rise rapidly.

The results for the experiments in which a single evapo-
rator channel was opened are shown in Fig. 9(a,b). The 
evaporator temperature is evaluated at the middle of Evap-
orator 4 (Tb according to Fig. 8) and the pressure data is 
obtained near the accumulator with pressure sensor 66 in 
Fig. 7. For the lower heat inputs (< 100 W), the tempera-
ture and pressure increase rapidly when the heat load is 
turned on and reach an equilibrium value. As expected, the 
higher the heat input, the higher the equilibrium tempera-
ture and pressure. Since a higher fraction of the working 
fluid evaporates with higher heat inputs, more vapour is 
formed in the system and the amount of liquid CO2 flow-
ing into the accumulator increases, resulting in a higher 
system pressure. When two evaporator channels were 
opened, more heat could be added to the system before 
dry out occurred, as shown in Fig. 9(c,d).

For both sets of experiments, the same dry-out behav-
iour could be observed at the maximum heat load. In this 
dry-out region, indicted by the shaded triangle in Fig. 9(a, 
c), the slope of the curve changes significantly at the 
dashed horizontal line, indicating that a transition in flow 
regime has taken place. At the peak of the triangle the 
heat load was switched off and the system was allowed 
to stabilize. Figure 9(b, d) illustrate the system pressure 
for both test sets. During dry-out conditions, the pressure 
quickly drops, since vapour patches near the tube walls 
isolate the bulk fluid and prevent proper heat transfer 

Fig. 8   Measured parameters to determine the heat transfer coefficient 
of the evaporators
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from the wall to the fluid. This results in less overall fluid 
expansion and hence a lower system pressure. At load off, 
a small temporary pressure increase is recorded. At the 
lower right corner of the shaded triangle, again the slope 
of the temperature curve changes and also the pressure 
rises to its original value. This rise in pressure corresponds 
to the point where the flow wets the tube wall again and 
the original flow regime is restored. This is confirmed 
by the last part of the temperature curve after the shaded 
triangle, where the cool-down behaviour is similar to the 
other experiments where dry out did not occur. The dis-
tinct w-shaped transient response of the pressure during 
dry out was witnessed in all dry-out experiments. Similar 

to the reported oscillation by [24, 25], such behaviour 
occurs at load-on and load-off conditions as well as shifts 
in flow regime.

The transition in flow regime happens around the same 
evaporator block temperature for both heating up and cool-
ing down. As the heat flux from the evaporator block to 
the working fluid is related to the temperature difference 
between the block and the tube according to Eq. 14, the 
critical heat flux was reached at the transition temperature. 
In the first set of experiments the critical evaporator block 
temperature is 72 °C, while in the second set of experiments 
the critical heat flux is obtained at a block temperature of 
59 °C. When both channels are opened, the mass flow rate 

Fig. 9   Effect of increasing heat input on evaporator temperature and pressure with constant flow rate
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per channel is lower, resulting in a higher vapour fraction 
after the evaporator compared to the experiments in which 
a single channel was opened. Since the critical heat flux 
decreases with increasing vapour fraction [43], dry out 
occurred at a total heat load of about 140 W (70 W per 
channel), while for a single channel the critical heat flux is 
obtained at a heat load around 100 W.

5.2 � Heat transfer coefficient

In Fig. 10, the effect of increasing the heat load on the heat 
transfer coefficient is shown for the experiments in which a 
stable equilibrium temperature was achieved at the evapora-
tor (see Fig. 9). When a single evaporator channel is opened, 
Fig. 10(a) shows a steady increase in heat transfer coefficient 
with increasing heat load for Tube 4. This matches the the-
ory of boiling flow, in which increasing the heat flux results 
in a higher heat transfer coefficient due to the enhancement 
of nucleate boiling [43]. Tube 3, which was closed, showed 
some heat losses due to conduction through the tube wall. 
As heat transfer to the fluid improves for higher heat loads, 
the heat transfer loss to the closed Tube 3 diminishes. In 
the tests where both evaporator channels were opened, the 
heat transfer coefficient drops when increasing the heat 
load from 100 to 120 W, as shown in Fig. 10(b). This could 
indicate the onset of dry out, as local vapour patches are 
being formed at the tube wall that start to isolate the liquid 
core and decrease the heat transfer rate. As was shown in 
Fig. 9(c,d), the next heat load setting after 120 W resulted 
in dry out of the evaporator.

Delil et al. [16] and Pettersen et al. [44] investigated heat 
transfer characteristics for evaporating CO2 at similar condi-
tions and found heat transfer coefficients in the range of 5 to 
15 kW/(m2K), hence the obtained values match the expected 
range very well. Assuming that both tubes should perform 
equally good, the measured differences in heat transfer 
coefficient is also a measure for the system accuracy. The 

average error between both tubes is just below 10%. Hence, 
next to the measured accuracy of 5%, also a small systematic 
bias is present related to the prototype set-up itself.

5.3 � Model comparison

In order to make a comparison with the predicted values of 
the numerical model, measurements obtained with the sen-
sors of the prototype setup have been used. Firstly, the tem-
perature of the evaporator block is compared to the model 
when 60 W is applied on a single evaporator block cooled 
by one channel, Tube 4. In the model, the evaporator block 
is modelled as a thermal mass with a single temperature. A 
constant heat transfer coefficient of 10 kW/m2K is applied 
to the evaporator, which corresponds to the results found for 
the single evaporator experiment, see Fig. 10(a). To compare 
the prototype results with the model, the temperature meas-
ured at the top of the evaporator block are averaged with 
the temperature measured at the middle of the block (Tt and 
Tb, respectively, in Fig. 8). Figure 11 shows the transient 
temperature profile when a 60 W heat load was applied for 
approximately 300 s at time t = 160 s. The pump speed was 
set to provide a constant working fluid flow rate of 300 ml/
min during the experiment.

The figure shows that both the shape and numerical val-
ues of the temperature profile match very well. The first part 
of the curve, when heating up, correlates perfectly. This indi-
cates that the heat transfer coefficient between the working 
fluid and the evaporator during heating has been matched 
well and the thermal mass of the evaporator corresponds to 
the actual value. After the heat load is turned off, the proto-
type cools down less rapidly. This is due to the fact that in 
reality the heat transfer coefficient declines when the heat 
flux decreases during cooling. In the model the heat trans-
fer coefficient at the evaporator is assumed to be constant, 
which results in faster cooling of the thermal mass element.

The temperature of the CO2 working fluid in the opened 
cooling channel after the evaporator block (sensor #22 in Fig. 7) 

Fig. 10   Heat transfer coeffi-
cients for varying heat input
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is compared with the corresponding fluid temperature from the 
numerical model as well. Also, in this case, both profiles are 
a close match. The temperature of the working fluid rises due 
to heat absorption until the saturation temperature is reached. 
Further heat absorption takes place by evaporation and there-
fore the temperature stabilizes. During the evaporation pro-
cess, vapour starts to form in the evaporator channel. Since the 
vapour density is much lower than the liquid density, expan-
sion takes place and the flow velocity in the system increases. 
Vapour expansion continues until the two-phase flow reaches 
the condenser section where the vapour is condensed to liquid 

again. The temporary peak in flow velocity, as discussed in 
Fig. 1, is predicted by the numerical model and was also meas-
ured by the flow meter in the prototype setup.

Figure 12 compares the predicted flow rate after the con-
denser section with the measured values of the variable area 
flow meter. Fluctuations are present in the measured values 
due to the data acquisition system which only stored data 
every 5 s. Furthermore, the repeatability accuracy of the 
flow meter is limited to ± 3 ml/min. Although this error mar-
gin is larger than the observed trend in Fig. 12, the expected 
behaviour was observed.

Fig. 11   Evaporator temperature with 60 W applied to an evaporator with a single Tube 5 opened

Fig. 12   Flow rate with 60 W applied to an evaporator with a single Tube 4 opened
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The general shapes of the curves match, yet the meas-
ured peak values are about four times higher compared to 
the predicted results. Hence, more vapour is formed in the 
actual evaporator than predicted by the numerical model. 
This can be explained by the fact that the numerical model 
assumes one dimensional flow, in which subcooled boil-
ing near the channel walls is not included. In the model, 
vapour formation is only predicted when the working fluid 
has fully reached its saturation temperature. For the proto-
type setup, local boiling can occur near the channel walls 
while the bulk fluid is still in the subcooled regime. Due to 
the relatively large difference in density between the liquid 
and vapour phases, localized subcooled boiling increases 
the total amount of expansion significantly. Additionally, 
the estimated heat transfer coefficient at the condenser coil 
can be lower in reality, causing more vapour to sustain in 
the condenser spiral. This would increase the total amount 
of vapour in the system and could therefore also contribute 
to the observed flow velocity behaviour.

The excess volume present in the system when the evapo-
rator is active is absorbed by the accumulator. When the net 
flow velocity after the condenser is greater than the steady-
state value set by the gear pump, liquid is absorbed by the 
accumulator. For a passive membrane accumulator, this 
means the pressure in the system will rise, as the gas in the 
top section is being compressed. Therefore, liquid absorp-
tion by the accumulator results in a direct increase in system 
pressure. This is shown in Fig. 13, in which the pressure 
rise of the prototype setup is compared with the predicted 
increase in pressure by the numerical model. Since the pres-
sure rise is a direct result of the increase in flow velocity, 
the absolute values are underestimated as well. However, the 

general shape of the curve is correct. Furthermore, when the 
accumulator inflow is simulated to be four times as large in 
the numerical model, to mimic the actual system behaviour 
of Fig. 12, the pressure would rise to the measured level 
of 68.17 bar. This suggests that the physical principles that 
govern the numerical model are correctly implemented.

5.4 � Multiple evaporators

The effects of applying a heat load on multiple evaporators 
simultaneously has also been investigated using the proto-
type setup. Here, the advantage of the modular numerical 
model can be utilized. An experimental set was conducted in 
which all 4 cooling channels of the evaporator section were 
opened and the total heat load was equally distributed over 
Evaporators 1, 2, 4 and 5, see Fig. 7. The total heat input was 
increased per experimental run from 80 to 320 W; i.e. 20 W 
to 80 W per evaporator block.

In Fig. 14 the heat transfer coefficients of Tubes 3 and 4 
measured at Evaporator 4 are shown for an increasing heat 
input. Similar to the results obtained for the single evapo-
rator experiment, increasing the heat load on the evapora-
tor results in a higher heat transfer coefficient, up until the 
point where dry out starts to occur. In this case, Evaporator 
4 starts to experience dry out at a local heat load of 80 W 
and a slight decline in heat transfer coefficient is witnessed.

Similarly, in Fig. 15, the heat transfer coefficients meas-
ured at Evaporator 5 are shown for the same set of experi-
ments. At the lowest total heat input of 80 W, the measured 
heat transfer coefficient is nearly 6 kW/m2K, while the heat 
transfer coefficient at Evaporator 4 in this case is less than 
4 kW/m2K. For a total heat input up to 240 W, Evaporator 

Fig. 13   System pressure with 60 W applied to an evaporator with a single Tube 4 opened
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5 consistently shows higher heat transfer coefficients. How-
ever, dry out starts to occur at a total heat input of 280 W 
for Evaporator 5, while for Evaporator 4 this was not expe-
rienced until 320 W.

Both observations can be explained by the occurrence of 
pre-heating. Liquid CO2 enters the evaporator section in the 
subcooled state. When the working fluid arrives at Evapora-
tors 1 and 4, heat is initially absorbed as sensible heat and 
boiling only occurs locally near the channel walls. When 
the bulk fluid has reached the saturation temperature, full 
flow boiling takes place. This is the case at Evaporators 2 
and 5, as the incoming working fluid is already pre-heated 
to the saturation temperature by Evaporators 1 and 4. Since 
flow boiling results in higher heat transfer rates when com-
pared to single-phase forced convection [33], higher heat 
transfer coefficients are obtained at Evaporator 5 compared 

to Evaporator 4. However, dry out is experienced earlier 
due to the higher vapour fraction, which limits the criti-
cal heat flux. At a total heat input of 320 W, Evaporator 5 
exhibits full dry out in which hardly any heat is transferred 
to the working fluid resulting in a large drop in heat transfer 
coefficient.

The effect of pre-heating is further investigated in Fig. 16, 
in which the heat transfer coefficients of the four evapora-
tor blocks are shown for a total heat input of 240 W and 
320 W respectively. Figure 16(a) shows that heat trans-
fer coefficients are higher at Evaporators 2 and 5 due to 
pre-heating. When a total heat load of 320 W is applied 
however dry out occurs at Evaporators 2 and 5 and the heat 
transfer coefficients decline significantly, as witnessed in 
Fig. 16(b). Note that with a total heat load of 80 W per 
evaporator block, dry out occurred sooner than for the single 

Fig. 14   Heat transfer coefficient 
for different head loads on 
Evaporator 4

Fig. 15   Heat transfer coeffi-
cient for different heat loads on 
Evaporator 5
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evaporator experiments. With two cooling channels (Tubes 
3–4) opened, dry out took place when more than 120 W was 
applied to a single evaporator block, see Fig. 9(c). When 
multiple evaporators are used and all cooling channels of the 
setup are open, the total flow rate per tube is lower. Hence, 
the critical vapour quality is reached earlier, resulting in dry 
out at a lower heat input per block.

For the multiple evaporators experiment in which a total 
heat load of 240 W is applied, again a comparison with the 
numerical model is made. In Fig. 17, the temperature of 

Evaporators 1 and 2 is investigated. Heat transfer coeffi-
cients of 8 and 10 kW/m2K were used for these evaporators, 
respectively, corresponding to the values determined as pre-
sented in Fig. 16(a). Due to the difference in heat transfer 
coefficient, Evaporator 2 stabilizes at a slightly lower tem-
perature than Evaporator 1.

Similar to the single evaporator comparison of Fig. 11, 
the numerical model and prototype results correlate very 
well for the first part of the curves, during heating up and 
at steady-state conditions. After the heat load is turned off, 

Fig. 16   Heat transfer coefficients for different evaporators and increasing heat load

Fig. 17   Temperature for Evaporators 1 and 2 with a total heat load of 240 W applied
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the prototype cools down less rapidly than the numerical 
model predicts, due to the assumption of a constant heat 
transfer coefficient in the numerical model. Also, the fluid 
temperatures compare well.

The flow rate measured with the variable area flow meter of 
the prototype setup is compared with the numerical model and 
shown in Fig. 18. The temporary peaks in flow rate after the 
heat load is switched on and switched off are clearly present.

In this case, the peak values are more than 10 times 
higher than the repeatability accuracy of the flow meter, 
due to the much higher total heat load. Hence, the observed 

profile appears smoother. Again, the numerical model 
underestimates the amount of fluid expansion, resulting in 
lower predicted peak values. As two evaporators are placed 
in series and the model uses two constant, yet different heat 
transfer coefficients for each evaporator, vapour formation 
is initiated at two distinct time instances. This causes two 
separate vapour expansion characteristics resulting in the 
prediction of two distinct peaks in the flow rate between 
200 and 250 s. As in the experiment, the heat transfer coef-
ficient is not constant, but a consequence of the local flow 
behaviour, the measured flow rate shows a smoother single 

Fig. 18   Flow rate with 240 W distributed over 4 evaporators with all tubes opened

Fig. 19   System pressure with 240 W distributed over 4 evaporators with all tubes opened
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peak. Altogether, similar to the single evaporator experiment 
of Fig. 12, also for multiple evaporators in parallel and in 
series, the model is able to capture the governing physical 
principles.

The system pressure measured during the parallel evapo-
rator experiment with a total heat load of 240 W is com-
pared with the numerical results and shown in Fig. 19. As 
the system pressure is directly correlated to the accumula-
tor inflow, the pressure follows the trend of the flow rate 
shown in Fig. 18. Due to the fact that the peaks in flow 
velocity develop later in the numerical model, the increase 
in pressure also lags behind when compared to the prototype 
measurements. However, also in this case the model is capa-
ble of representing the underlying physical principles of the 
pumped two-phase loop.

6 � Conclusions

Pumped two-phase systems may offer a solution to effi-
ciently cool high power-density systems. However, the phys-
ics of flow boiling are complicated and the performance of 
a pumped two-phase loop depends on many system param-
eters. To address these issues, the numerical and experimen-
tal work presented in this paper was performed. The main 
findings are:

•	 A graphical modelling approach was used to build a fast 
and convenient design tool for predicting two-phase sys-
tem behaviour based on the integral forms of the mass, 
momentum and energy conservation equations.

•	 A prototype setup for a pumped two-phase loop using 
carbon dioxide (CO2) as working fluid was built to inves-
tigate system performances and practical operational lim-
its. Temperature, flow and pressure data are measured 
during the experiments to monitor the system state and 
to validate the developed numerical model.

•	 Experiments performed with the prototype setup showed 
an increase in heat transfer coefficient with increasing 
heat load until dry out starts to occur. Heat transfer coef-
ficients between 7 and 10 kW/m2K were found, which is 
comparable to other experiments conducted with evapo-
rating CO2 in microchannels.

•	 When the heat flux surpasses its critical value, dry out 
occurs in the microchannels and the evaporator temper-
ature rises significantly. Similar behaviour was found 
when multiple evaporators were heated in series and/or 
in parallel.

•	 Comparing the numerical model to the prototype setup, 
it was shown that evaporator and working fluid tem-
peratures can be predicted accurately. Pressure and flow 
measurements were in agreement with the model in a 
qualitative manner. However, the measured peak values 

are consistently underestimated, due to the assumption of 
one-dimensional flow boiling and neglecting subcooled 
boiling at the evaporator wall in the numerical model.

•	 Due to its modular approach, the presented model is 
particularly useful for the rapid assessment of various 
layouts of pumped two-phase loops for high heat flux 
electronics cooling.

In future work, the numerical model may be compared 
more extensively with additional experimental datasets, 
focussing on evaporator inflow and system pressure. Pre-
heating can be applied to make the working fluid enter the 
evaporator section in saturated state, eliminating the effect 
of subcooled nucleate boiling. As boiling would occur more 
homogenous, a closer match with the numerical model is 
expected.
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