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Abstract

This thesis investigates the effect 3D blade features and non-radial blading on the

performance of radial turbines for waste heat recovery applications. To address the

problem, two design methodologies were developed and used for the analysis: a low-

order meanline model accounting for non-ideal gas effects and a 3D parametric model

coupled with CFD.

The design of expanders for waste heat recovery systems considered in this thesis are

electric turbocompounding (ETC) and Organic Ranking cycle (ORC). These are chal-

lenging compared to traditional radial turbomachinery as ETC operates at a low-pressure

ratio with direct waste heat and ORC operates at a high-pressure ratio with refrigerants.

Meanline modelling was able to predict the efficiency and mass flow of radial turbines

both with air and refrigerants as working fluids with a relative root mean square error

(RRMSE) of less than 1% between meanline and CFD results. This accuracy was

achieved after calibration of the loss coefficients with CFD. Moreover, optimum radial

turbine designs were obtained for the ORC and ETC applications achieving total-to-

static efficiency of 79.98% and 82.86%, respectively. However, meanline modelling

has limitations in predicting losses accurately and capturing the effect of 3D geometry

modifications on performance. To overcome the loss prediction limitation, a second

calibration of the loss coefficients is suggested by minimising the error between the

loss breakdown in meanline and the loss breakdown in CFD. Although the error in loss

distribution prediction meanline and CFD decreased after this second calibration, the

RRMSE in efficiency increased up to 4.4% and 3.6% in ORC and ETC applications,

respectively.

The 3D parametric model coupled with CFD was used to address the meanline model

limitation to predict the effect of 3D geometry modifications. For ORC application, the

effect of cone angle of the rotor meridional profile was evaluated, while the effect non-

radial fibre blading was assessed for the ETC application. The geometry modifications

were introduced after finding optimum baseline geometries with the 3D parametric

model for the turbines. The efficiency of the optimum designs obtained by 3D parametric

model and the meanline approach was similar, showing a 1.3pp increase only for the

ORC turbine.
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The modification of the cone angle of the ORC rotor for the same meridional profile

(same radii, blade angles and blade heights) led to a maximum efficiency difference of

2pp, while the meanline model predicted no difference. The non-radial fibre assessment

concluded that lower incidence angles can improve efficiency. The optimum non-radial

fibre blade design (βblade,4 = 20◦) showed an increase of 0.3% in efficiency in single

passage simulations compared to the baseline ETC design, which was radial fibred. The

improved performance was also demonstrated experimentally at Imperial College’s test

rig, showing a maximum efficiency increase of 2pp at design point.
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Chapter 1

Introduction

This chapter puts in context the research topic of this thesis. First, the overall energy

context is presented, showing the large contribution fossil fuels still have in the global

energy mix. Some of the areas most difficult to decarbonise are discussed, highlighting

the environmental footprint of the Oil & Gas industry in particular.

The industrial project in which this research is framed is explained and the role of

waste heat recovery technologies for decarbonisation and energy transition is introduced.

Finally, the thesis outline and the scholarly output are summarised in this chapter.

1.1 Background and Context

Since 2012, the primary energy demand has grown 1.3% per annum [3]. Renewables

have played an important role in this increase; between 2019 and 2021 the increase in

primary energy was entirely driven by renewable energy sources. The energy consump-

tion from fossil fuels remained constant in this period. Oil saw a decrease in demand

(-8 EJ) compared to pre-pandemic levels, but this was offset by higher natural gas (5

EJ) and coal (3 EJ) consumption. Figure 1.1 shows the primary energy annual growth

in the period 2012-2021 with the shares by fuel in the last 4 years [3–6].

Global primary energy demand has experienced its fastest annual growth in 2021, reach-

ing its highest levels at 595 EJ1, 5.8% (31 EJ) more than in 2020 and 1.3% (8 EJ) more

31
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than pre-pandemic levels [3, 19]. The pandemic hit hard the economy and production

worldwide leading to the largest decline in primary energy demand since World War II of

4% (-23 EJ) between 2019 and 2020 [19]. However, the recovery in the global economy

after the pandemic has been the main responsible for the rise in energy consumption,

particularly in emerging economies, with China accounting for over a third of the pri-

mary energy demand growth in 2021. China was also the only country in which energy

demand increased between 2019 and 2020, leading to an accumulated rise in primary

energy demand of 15 EJ in the 2019-2021 period. On the other hand, for Organisation

for Economic Co-operation and Development (OECD) countries the energy demand in

2021 decreased by 8 EJ compared to 2019 levels, despite the annual growth of 10 EJ

in 2021.
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Figure 1.1: Average annual global primary energy demand growth by fuel from 2012 to
2021 [3–6]

Although the use of renewable energy has spread worldwide and fossil fuel demand did

not increase, fossil fuels still accounted for over 80% of the primary energy mix in 2019

and 2021 [3, 7], according to the International Energy Agency and BP. Figure 1.2 shows

the worldwide primary energy mix by sector and fuel.

1EJ stands for exajoules and has the following equivalence: 1EJ = 109MJ = 23.9Mtoe
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Figure 1.2: Worldwide consumption of primary energy by fuel and sector in 2019 [3, 7]

Analysing 2019 data to avoid distortion due to the pandemic, fossil fuels, with natural

gas at the top, were the primary energy that registered the highest growth. They

covered 45% of the global energy demand increase in 2019, as shown in Fig. 1.1. The

previous year, 2018, natural gas alone accounted for almost 60% of the primary energy

demand increase. Renewables represented the 41% and 44% of the growth in energy

demand in 2019 and 2018, respectively. Fossil fuels are primarily used in transportation,

industrial and building sectors [5], as shown in Fig. 1.2 (a) in 2019.

The CO2 emissions from these non-renewable resources are the main contributors to

climate change. Furthermore, global CO2 emissions have risen constantly for many

decades due to world economic growth, which encourages energy consumption. Despite

the drop in emissions during the pandemic, the global CO2 is close to the historic 2018-

2019 peak [3, 19]. In 2020 the global CO2 emissions decreased by 5.8% (2 Gt CO2),

which was the largest ever drop and almost five times bigger than the decline produced

by the global financial crises in 2009 [19]. In 2021 the global CO2 emissions reached

33.8 Gt CO2 0.6% lower than in 2019 [3].

Despite the increase of CO2 emissions, the efficiency enhancement of energy systems has

been one of the most successful measures for emission mitigation during the last decade.

Although the rate of improvement has slowed down in the last couple of years due to

technology limitations, almost half of the avoided emissions during 2018 were due to

energy efficiency enhancement [8], as shown in Fig. 1.3 (a). In 2019, renewable energy
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sources were the most successful methods, followed by energy efficiency improvements

as shown in Fig. 1.3 [7]. Therefore, it is essential to find ways to further reduce the

environmental impact of fossil fuels in each sector by making the energy systems that

still use these energetic sources more efficient.
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Figure 1.3: Change in global energy-related CO2 emissions and avoided emissions be-
tween the periods (a) 2017 to 2018 and (b) 2018 to 2019 [7, 8]

One way to mitigate the impact of fossil fuels in the environment is the implementation

of waste heat recovery (WHR) technologies. In this way, electrical energy is generated

from waste heat streams currently released to the environment in existing processes.

Although WHR has the limitation that there is no technology available today able

to recover all the energy in a waste heat stream, it will play an essential role in the
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decarbonisation of the industry and the transition to renewable energy [20].

WHR technologies have been used in a wide variety of applications that are currently

powered by fossil fuels, such as heat-demanding metal, paper pulp, chemical industries

[21], transportation [22, 23], electricity generation via fossil fuels, nuclear, thermosolar,

biomass, geothermal energy [24–27], natural gas compression stations [28] or refineries

[29]. Some of these applications are based on renewable energy, such as geothermal and

thermosolar energy generation, thus, research and development of these technologies are

in the general interest. One of the areas which are more complicated to decarbonise is

the oil and gas industry, the next section introduces the growing environmental footprint

of the sector as well as the main challenges of WHR in these applications.

1.2 Oil and Gas Industry Environmental Footprint

The oil and gas sector has a major environmental footprint due to pollutants in dis-

charged process water, seabed effects in the case of offshore fields and greenhouse gas

(GHG) emissions. Although CO2 is the main GHG considered, other gases such as

N2O, CO and unburned hydrocarbons (UHC) must be taken into account due to their

high Global Warming Potential (GWP). This means that the greenhouse effect of these

other gases is greater than that produced by the same amount of CO2.

For instance, Norway, which was the 14th oil and gas producer in 2016 [30], has recorded

historically the CO2 emissions from oil and gas industry, which has been the largest

CO2 source sector of the country. In 1990, the offshore oil and gas upstream industry

generated 18% of the GHG emissions and in 2016, 25% of the national emissions.

Norway’s oil and gas production only accounts for 2% of the global energy demand, so

it is easy to realise the large GHG footprint of global oil and gas production.

In the upstream industry, the largest source of GHG usually comes from the gas com-

pression substations as well as from the gas turbines and diesel systems producing me-

chanical, electrical energy and heat to support the processes of the off-shore platform.

In addition, flaring, venting and methane leakages also contribute to GHG emissions

without producing any power, since these streams are currently being released into the
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atmosphere.

Nowadays, countries, institutions and oil and gas companies are strongly committed to

reducing the carbon footprint of the upstream industry. Initiatives like the Zero Routine

Flaring by 2030 introduced by the World Bank have been adopted by companies such

as BP or Petronas in their sustainability plans [30, 31].

Furthermore, these plans include strategies such as the use of natural gas as a cleaner

option for power generation within the fields, improving energy efficiency and exploring

innovative energy solutions like WHR technologies. These technologies can harvest

energy from the power system exhausts as well as use the heat in the non-routine

flaring when available. This energy solution becomes extremely important in off-shore

platforms, where electrical grids, which may transport renewable electrical energy from

the mainland, can not reach the fields.

1.3 Waste Heat Recovery in Off-shore Platforms

Low-grade waste heat from industrial processes represents 50% of the total heat gen-

erated according to the literature [32]. Commonly, low-grade heat is released into the

environment due to the lack of cost-effective and thermally efficient technology. The

growing environmental concern about greenhouse gas emissions needs to be focused

on the recovery of waste heat to reduce the fuel consumed in industrial processes and

mitigate the environmental footprint.

This situation is of significant importance in the offshore oil and gas industry. Offshore

facilities are often isolated from the mainland power grid and cannot take advantage of

the energy transition to renewables. In addition, these types of platforms have physical

space and weight limitations, which is why compact and simple solutions are needed.

Maintenance is a complicated and costly task due to the difficulty of reaching offshore

platforms, thus, robustness and reliability are essential characteristics of the machinery

installed in the facilities.

Nguyen et al. [33] carried out an exergy analysis of offshore platforms in the North Sea
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and found that the major contributor to exergy destruction is the power system, due

to the high temperature of the gas turbines exhaust. Gas turbines often run at partial

load to reduce the risk of failure, which means lower performance and more waste heat

in the exhaust. They highlight the potential of the waste heat recovery to increase the

overall platform efficiency and suggest the use of steam cycles or ORC [34].

The literature on waste heat recovery literature on offshore oil and gas platforms is lim-

ited, however, the most relevant studies focused on ORC implementation are reviewed

below.

Pierobon et al. [35, 36] carried out a multi-objective optimisation to obtain the maxi-

mum thermal efficiency, minimum volumetric footprint and maximum net present value.

The calculations were made for two different working fluids, acetone and cyclopenthane

and the maximum temperature of the ORC cycle was around 225◦C. Steam and air

cycles were also considered for comparison. The conclusion was the ORC system had

higher performance compared to the steam cycle, while the air bottoming cycle was

not ideal from an economic and environmental point of view. The heat exchanger was

found to be the heaviest component, while the turbine had the highest cost.

Bhargava et al. [37] studied the waste heat recovery of the gas turbine exhaust typ-

ically used in offshore applications. This kind of turbine is focused on reliability and

compactness due to space limitations, so the thermal efficiency is usually below 35%.

Two different thermal connections between the exhaust of four gas turbines and the

ORC were investigated, with and without an intermediate heat transfer fluid. Four

different power sizes for the gas turbines are selected between 2MW to 30MW each.

The chosen working fluid was cyclopentane and the intermediate heat transfer fluid was

fixed in a mixture of biphenyl and diphenyl oxide. The researchers found that smaller

gas turbines, which tend to be of lower efficiency, had a higher potential for waste heat

recovery. An additional 140% of electric power production was achieved for each gas

turbine unit, which means that partial load operation of some units could be scrapped,

resulting in fuel savings. The use of an intermediate heat transfer fluid did not show

benefits in the thermal efficiency of the cycle, but it is interesting for safety considera-

tions. The recuperative cycles had higher thermal efficiency, which translates into lower
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GHG emissions and reduced fuel consumption, but increases the space footprint in the

platform.

Barrera et al. [38] studied the implementation of an ORC system in a floating product

storage offloading (FPSO) in Brazil. These facilities allow the exploration and extraction

of deep-sea petroleum products and are usually derived from oil tankers. A model was

developed to simulate the impact of ORC systems on the energy and exergetic efficiency

of the entire platform, as well as on fuel consumption. The waste heat flow considered

for the calculations was the exhaust from two gas turbines working under partial load

conditions. Cyclopentane was the selected working fluid and the maximum temperature

reached before the expansion stage was 300◦C. In conclusion, the energy consumption

saving was calculated at 15-20%.

Veloso et al. [39] continued the ORC research of their colleagues of an FPSO [38]. A

multi-objective optimisation was carried out with power output and heat transfer area

as objective functions. The ORC footprint is directly related to the heat transfer area of

the heat exchangers in the system. The waste heat under study was the exhaust from

the gas turbines of the compressor units. The optimal cycle was found to recover up to

4.22% of the energy needed to run the compressor units and was able to significantly

reduce the GHG emissions.

Reis et al. [40] conducted similar research focused on off-design performance on an

FPSO. ORC provides flexibility in the dynamic demand conditions of the application.

Toluene was chosen as the working fluid and the maximum temperature of the cycle

was set between 300 and 330 ◦C. The resulting thermal efficiency of the ORC system

was 24.6 and 28.4% for a simple cycle layout and a regenerative cycle, respectively. The

overall efficiency of the electrical systems increased to 11.3% and the reduction in CO2

emissions was around 22.0%. An economic analysis was also carried out, concluding

that the implementation of ORC can be very attractive due to the savings in fuel

consumption.
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1.4 Industrial Project MTJA

The Malaysia-Thailand Joint Authority, MTJA, is the institution that supervises and

administers non-living resources, mainly oil and gas, in a shared region of the continental

shelf. This 7250 km2 region, known as Joint Developing Area (JDA), is located in

the Gulf of Thailand, as shown in Fig. 1.4. The purpose of MTJA is to manage

the exploration and exploitation of these fossil fuel resources in order to obtain equal

benefits for both Malaysia and Thailand.

JDA

Figure 1.4: Joint development area of MTJA.

In addition, MTJA has a Research Fund for the support of research and development

of science and technology related to the exploration and exploitation of its resources.

Committed to energy and environmental targets, MTJA has funded the project: Energy

Recovery in Petroleum Processes via Integrated High-Performance Technologies, being

the framework of this research. This is a collaborative project among academic and

research institutions of Malaysia (UTM), Thailand (KMUTT) and the United Kingdom

(Imperial College London).

The industrial project consists of the development and optimisation of three WHR

technologies and their combination at pilot plant level. The pilot plant, currently under

construction at UTM premises, replicates the conditions of the waste heat streams

available in off-shore oil and gas platforms. The industrial project will assess the power



40 Chapter 1. Introduction

generation potential from the use of the waste heat streams present in an offshore

oil and gas platform. The benefits of these WHR technologies applied to upstream

and midstream oil and gas processes are explored in this project. This will allow a

more environmentally conscious use of fossil resources during the energy transition and

decarbonisation of the oil and gas industry.

There are three mature WHR technologies that are currently under further development

and have been also used in some industrial and automotive applications: organic Rankine

cycle, ORC, thermoelectric generation, TEG and electric turbo-compound, ETC. These

three technologies, ORC, ETC and TEG are the WHR technologies investigated in this

project. The impact and contribution of the industrial project are summarised in the

following points:

• Use of the energy resources efficiently, enhancing the efficiency of the whole

platform, reducing fuel consumption and CO2 related to power generation.

• Reduction of the environmental impact of flare gas, recovering part of the energy

that is, otherwise, released to the atmosphere.

• Maximisation waste heat recovered by implementing a combination of waste heat

recovery technologies (ORC, ETC and TEG), while minimising integration cost.

1.5 Waste Heat Recovery Technologies

Although ORC and ETC are more mature WHR technologies, TEG is developing fast

due to ongoing research in new materials. The principle behind these WHR technologies

can be summarised as follows:

• ORC is a thermodynamic cycle that uses an organic fluid in a closed loop. The

fluid evaporates in a heat exchanger due to the heat absorbed from the waste

heat stream and then it expands in a turbine, a generator then transforms the

mechanical energy into electrical energy. Finally, the remaining heat in the fluid

is rejected in a condenser and the fluid is pumped again towards the evaporator,

as shown in Fig.1.5.
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Figure 1.5: Basic outline of an ORC system.

• ETC consists of a turbine coupled to a generator as shown in Fig.1.6. The turbine

harvests energy from a gaseous waste heat stream.

Turbine
Generator

To Ambient

Waste Heat 
Stream

Figure 1.6: Basic outline of the ETC system.

• TEG consists of thermoelectric modules which convert directly heat energy into

electrical energy making use of the Seebeck effect. The temperature difference

occurs between the waste heat stream and an available heat sink. A diagram of

this technology is shown in Fig.1.7.

There are significant differences among these three WHR technologies that make each

of them more appropriate for a certain application over another, these are discuss here

and are summaries in Table 1.1.

• ORC can provide a large amount of power, but its footprint, which is a limiting

factor for offshore applications, may be large in comparison to ETC and TEG,

which are considered rather compact technologies. ORC can be fully non-invasive
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Figure 1.7: Basic outline of the TEG system.

using a secondary loop for evaporation, which means that the waste heat recovery

system does not affect the actual platform processes. ORC has rotating compo-

nents (a turbine, a pump and a generator), which are susceptible to wear and

need frequent maintenance (increasing the operating costs), particularly in harsh

environments occurring in offshore applications. The initial investment for ORC

is moderate.

• ETC is a compact non-invasive technology since it is placed downstream of the

waste heat stream. However, an ETC causes a back-pressure effect on the up-

stream system (the engine). ETC relies on well established turbomachinery design

methods. ETC has the lowest implementation costs.

• TEG does not have any rotating components in contrast to ETC and ORC,

therefore this technology is less susceptible to wear. Nevertheless, TEG efficiency

is significantly low, experimental results show efficiency lower than 10% [41, 42].

Despite promising research in nanotechnology and semiconductor materials, TEGs

remain in their infancy. Furthermore, the implementation costs of TEG technology

are large compared to the initial investment required for ORC and ETC.

The current research project is framed in the industrial project, being the main focus

of the current research the expander design for ETC and ORC technologies.
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Variable ORC ETC TEG

Footprint High Medium Low

Capacity High Medium Low

Invasive Low Low Low

Rotating components High High None

Implementation cost High Low High

Maintenance cost High Low Low

Table 1.1: Differences among WHR technologies

1.6 Research Aim and Objectives

The overarching aim of this thesis can be stated by the following research question:

What is the effect of 3D blade features and non-radial blading on the performance of

low pressure turbines and ORC turbines when compared to the commonly used radial

fibre design?

This question can be broken down into several objectives:

1. Development of a low order turbine model based on physical principles accounting

for real-gas effects.

2. Investigation of the accuracy of the low order model in terms of loss distribution,

mass flow and efficiency with air and organic fluids.

3. Proposal of a 3D parametric blading model that enables the generation of designs

exploring a wide design space of radial and non-radial blading designs.

4. Understanding the effects of non-radial blading and other 3D geometry modifica-

tions on turbine design and exploration of the flow field with an experimentally

validated CFD method.

1.7 Thesis Outline

This thesis consists of six main chapters, as outlined below:
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• Chapter 1: Introduction This chapter is an introduction to the background

of the project as well as the aim. Concise research questions and objectives are

presented in this chapter.

• Chapter 2: Literature Review This chapter shows the literature review of the

topics related to this research, highlighting the research gaps and contribution

to the current knowledge. Literature on waste heat recovery technologies and

their application in industry and off-shore platforms are reviewed. Moreover, the

state-of-the-art of radial turbine design is introduced in this chapter.

• Chapter 3: Methodology This chapter introduces and explains in detail the

methodology used in design and analysis of radial turbomachinery used to carry

out the research. First, the meanline model is developed followed by the auto-

mated 3D parametric model. The optimisation and calibration strategies applied

to the design tools are also explained. The experimental facilities at Imperial

College used for cold testing for ETC applications are also explained.

• Chapter 4: ORC This chapter shows the application of the methodology de-

veloped in this work to ORC expander design. Sensitivity analysis and compari-

son were carried out with the meanline and 3D parametric approaches using the

methodology described in Chapter 3. Loss breakdown was analysed in CFD and

the meanline model recalibrating taking into account the loss distribution in order

to improve the fidelity of the low order model. The meridional profile shape, hub

and shroud contours were modified to assess the impact on efficiency of 3D ge-

ometry variations. Finally, optimised geometries are suggested for the operating

conditions of the pilot plant built in the frame industrial project.

• Chapter 5: ETC This chapter shows the application of the methodology devel-

oped in this work to ETC expander design. The comparison of both the meanline

and 3D parametric methodologies are compared with sensitivity studies of the

main design parameters. Recalibration of the meanline model is carried out with

information on the loss breakdown obtained by CFD analysis. New loss coeffi-

cients are suggested to improve the meanline model accuracy. Non-radial fibre

blading is investigated using meanline and 3D parametric approaches. Finally,
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optimum radial and non-radial fibre rotor designs are obtained and compared.

Experimental results of both geometries are obtained using the cold facilities at

Imperial College and were used to validate and further compared the two designs.

• Chapter 6: Conclusions This chapter presents the conclusions reached from

this research, particularly regarding the thesis aims and objectives introduced in

Chapter 1. The main contribution of the work is also summarised.

1.8 Scholarly Output

The work carried out during the course of this PhD has led to the publication of articles

in journals and conferences. These are listed below with a brief synopsis of each one.

• Alvarez-Regueiro, E, Barrera-Medrano, E, Martinez-Botas, R, and Rajoo,

S. ”Numerical Analysis of Non-Radial Blading in a Low Speed and Low

Pressure Turbine for Electric Turbocompounding Applications.” Proceed-

ings of the ASME Turbo Expo 2021: Turbomachinery Technical Confer-

ence and Exposition. Volume 2D: Turbomachinery — Multidisciplinary

Design Approaches, Optimization, and Uncertainty Quantification; Radial

Turbomachinery Aerodynamics; Unsteady Flows in Turbomachinery. Vir-

tual, Online. June 7–11, 2021. V02DT37A017. ASME. [43].

This conference paper was authored by Alvarez-Regueiro, while Barrera-Medrano,

Martinez-Botas and Rajoo acted in supervisory roles. This paper presents a CFD-

based numerical analysis of the potential benefits of non-radial blading turbine for

low speed-low pressure applications. The baseline design consisted of a vaneless

radial fibre turbine, operating at 1.2 pressure ratio and 28,000rpm. Experimental

low temperature tests were carried out with the baseline radial blading turbine

at nominal, lower and higher pressure ratio operating conditions to validate nu-

merical simulations. The baseline turbine incidence angle effect was studied and

positive inlet blade angle impact was assessed with four different turbine rotor de-

signs of 20, 30, 40 and 50° of positive inlet blade angle. Total-to-static efficiency

improved in all the non-radial blading designs at all operating points considered,
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by maximum of 1.5% at design conditions and 5% at off-design conditions, partic-

ularly at low pressure ratio. This paper is the preliminary work of the automated

3D parametric investigation of non-radial fibre blading in Chapter 5. The sec-

ondary flow analysis in this paper can be also extrapolated to the analysis carried

out in Chapter 4 and 5.

• Alvarez-Regueiro, E., Yang, B., Barrera-Medrano, M. E., Martinez-Botas,

R. F., and Rajoo, S. (August 26, 2022). ”Optimisation of an ORC Radial

Turbine Using a Reduced-Order Model Coupled With CFD.” ASME. J.

Eng. Gas Turbines Power. [44].

For this article Alvarez-Regueiro was the main author carrying out all the mod-

elling, simulations and writing. Yang assisted with CFD analysis and technical

discussion, whilst Barrera-Medrano, Martinez-Botas and Rajoo acted in supervi-

sory roles. The paper presents the geometry optimisation of a single stage radial

turbine for an Organic Ranking Cycle system operating over a pressure ratio of 9,

corresponding to the pilot plant application. The specific fluid used in this inves-

tigation is R1233zd (E). The methodology explained in Chapter 3 corresponds to

the one developed in this paper.

The geometry is optimised for the highest total-to-static efficiency using non gra-

dient based algorithms to allow for wide design space. Firstly, a 1D meanline

geometry is optimised, which is followed by a Computational Fluid Dynamics

(CFD) optimisation in 3D using a parameterised model. CFD is used to validate

and calibrate the meanline model, as well as to understand the flow and the sen-

sitivity of the design parameters not captured by the low-order model. Moreover,

the flow field of the successful designs is analysed by CFD to identify the main

flow structures that explain the difference in performance among the designs.

These results form the majority of Chapter 4.

• Alvarez-Regueiro, E., Yang, B., Barrera-Medrano, M. E., Martinez-Botas,

R. F., and Rajoo, S. (February, 2023). ”Design, optimisation and analysis

of non-radial fibre turbines for electric turbocompounding applications.”

Manuscript submitted for publication [45]
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Alvarez-Regueiro was the main author carrying out all the modelling, simulations

and writing. Yang assisted with CFD analysis and technical discussion, whilst

Barrera-Medrano, Martinez-Botas and Rajoo acted in supervisory roles. This

paper presents the analysis and results of the implementation non-radial fibre

blading radial turbines for electric turbo-compounding applications.

The design methodology presented in this paper (explained in Chapter 3) consists

of a 3D parametric model coupled with Computational Fluid Dynamic (CFD).

The 3D parametric model generated a sampling of about a hundred geometries

and predicted the efficiency using single blade passage simulations. The sensitivity

analysis showed the effect of each design parameter on efficiency. A radial fibre

turbine geometry was optimised for maximum efficiency.

The optimum radial fibre geometry was set as the baseline for further non-radial

blading optimisation, based on a parametric-CFD approach. The efficiency im-

provement between the optimum non-radial fibred design and the optimum radial

fibre design was found to be +2.0pp experimentally at the Imperial College tur-

bocharger facility. These results are part of Chapter 5.



Chapter 2

Literature Review

The literature review of this thesis is introduced in this chapter, including the basics

and state-of-the-art of the following areas, from broader to more specific topics:

• Electric turbocompounding: this explains the basic principles of electric turbocom-

pounding and reviews the traditional applications where this waste heat recovery

technology has been used so far.

• Organic Rankine cycle: this introduces the possibilities of the thermodynamic

configurations of the cycle, then review the main organic fluid for medium heat

applications and the selection criteria. Characteristics of the components in an

ORC system are also introduced briefly.

• Expander design: a detailed review of meanline modeling and loss correlations is

introduced, as well as the latest progress in non-ideal gas effects and non-radial

fibre blading in radial turbines.

• Experimental testing: this includes a brief review of experimental facilities for ORC

and ETC testing and introduces the pilot plant that sets the boundary conditions

for the turbine design.

48
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2.1 Electric Turbocompounding

Turbocompounding systems have been widely used in the heavy-duty automotive in-

dustry since the 1990s and more recently in passenger vehicles to recover the energy

contained in the engine exhaust and transform it into mechanical or electrical energy

[46]. Mechanical turbocompounding systems are coupled to the main shaft so that

the energy recovered increases the engine power output. Electric turbocompounding

is a simpler technology, since no mechanical linkage is needed between the shaft and

the turbine, requiring fewer parts. In the automotive industry, two different electric

turbocompounding systems are currently used:

• The first transforms the surplus energy harvested by the turbocharger turbine,

which is not used to power the compressor, into electrical energy via a generator

connected to the same shaft.

• The second consists of an additional turbine downstream of the turbocharger

turbine coupled to a generator

The electrical energy obtained by both systems is then used to power auxiliaries or

battery storage [47].

Turbocompounding systems have been recently applied to power generation for ad-

ditional shaft power or electricity. Bowman’s turbocompounding system was able to

extract 1.5% additional energy from a 9 MW gas internal combustion engine [9]. ETC

has also been explored in marine engine applications successfully [9, 48–50]. A clear

picture of the ETC system of Bowman is shown in Fig. 2.1.

ETC implemented in oil and gas applications has not been found in the literature.

However, the potential for energy recovery on offshore platforms is quite significant

from waste heat streams currently being released into the atmosphere. Similar to the

automotive or power generation industries, ETC could be used to recover energy from

power units operating in offshore fields. In addition, flare gas could be another source of

waste heat stream for ETC, particularly interesting under intermittent flaring conditions,
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ENGINE WASTE 
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POWER OUTPUT

ROTOR WHEEL

GENERATOR

Figure 2.1: Bowman’s electrical turbocompounding system [9]

as ETC is a flexible technology and its good unsteady response and performance have

been demonstrated in automotive applications.

The turbine is the driver of the efficiency in turbocompounding systems, because the

generator always maintains a high efficiency value above 95%. Therefore, an accurate

turbine model is essential to obtain an efficient turbocompounding system. The ex-

pander design methodology must be application-focused and coupled to an optimisation

routine, ensuring the best performance at nominal operating conditions. Furthermore,

the prediction of actual turbine performance at off-design points is very important for a

realistic assessment of the overall benefits of the designed turbocompounding system.

Conventional radial turbines used in more traditional applications, such as turbocharg-

ing, are designed for higher pressure ratios than the operating conditions found in the

current electric turbocompounding application. Conventional turbines show poor per-

formance at the low pressure ratios of an electric turbocompounding system (1.1-1.3 at

design speed) if run at nominal rotational speed[51]. However, at low rotational speed,

the performance of these radial turbines at 1.1-1.3 pressure ratio is acceptable, despite

operating at low mass flow conditions. In addition, the low rotational speed (below

50,000 rpm) makes the coupling between the turbine and the high-speed generator

easier without the need for intermediate components such as a gearbox.

ETC is therefore a suitable WHR technology, but special attention needs to be paid at

the design stage since oil and gas applications are rather new for this technology. More

details about the expander design are discussed later in this chapter.
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2.2 Organic Rankine Cycle

Organic Rankine cycle fills the gap in power applications with relatively low temperature

sources in which traditional steam cycles or Brayton cycles had a poor overall perfor-

mance. Macchi et al. [10] collected information on the applications where ORC is a

technically and economically feasible solution, depending on the temperature of the heat

source and the power output. Figure 2.2 shows a diagram of the most common ORC

applications depending on the waste heat temperature and power output. The pilot

plant and offshore platform applications are highlighted in the diagram, corresponding

to small WHR and medium WHR.
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Figure 2.2: ORC applications depending on the heat source temperature and power
output [10], highlighting the application of study as red dots

2.2.1 Thermodynamic and Cycle Configuration

As introduced in the first chapter, Organic Rankine cycle is a waste heat recovery

technology that consists of a thermodynamic Rankine cycle operating with a refrigerant

as working fluid. The fluid is pumped at liquid state up to the maximum operating

pressure, then it is heated at constant pressure in the evaporator due to waste heat

until superheated vapour conditions are reached. Figure 2.3 shows the flow diagram of

and ORC system:
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Turbine
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Figure 2.3: Basic outline of the simple ORC system.

The fluid at high pressure and temperature expands to the minimum pressure of the cycle

through the turbine, generating power, which can then be transformed into electrical

energy with a generator. The residual heat after the expansion stage is rejected at

constant pressure to the cold source (usually ambient) until the fluid is totally condensed

and pumped again. T-s diagram of the cycle can be seen in Fig. 2.4:
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Figure 2.4: T-s diagram of a simple ORC system.

It is possible to increase the efficiency of ORC if recuperation is included. Recuperation

consists of circulating the fluid at the expander outlet to preheat the stream coming
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from the pump outlet. The internal heat transfer in the recuperator recovers part of

the thermal energy of the turbine outlet, which otherwise is rejected to ambient in

the condenser. In addition, the amount of heat needed in the evaporator is less in a

recuperated cycle. The recuperator is often known as regenerator or economizer in the

literature. Other strategies to increase cycle efficiency include reheating, adding extra

heat between expansion stages, although that is not ideal in small-scale applications

[10]. Figures 2.5 and 2.6 show the flow and T-s diagram of a recuperative ORC system.
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Figure 2.5: Flow diagram of a recuperative ORC system.

ORC becomes the only sensible option when the temperature of the heat source is

low, especially below 250 ◦C. Brayton cycles register negative efficiency up to this

temperature, achieving only 8% cycle efficiency when the temperature of the heat source

is as high as 400◦C, according to preliminary cycle calculations [10]. Rankine cycles, on

the other hand, show much better performance, between 15% and 30% depending on

the fluid used, as calculated in the literature [10]. Recuperative cycles show increased

performance up to around 30% for all fluids analysed.

Rankine cycles involve both traditional steam cycles and Organic Rankine cycles. Al-
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Figure 2.6: T-s diagram of a recuperative ORC system.

though water can be used as working fluid showing reasonable cycle efficiency after

preliminary calculations, in practice turbomachinery limitations lead to poor overall

performance. Highly supersonic flow, high blade speed and liquid formation during the

expansion process are some of the aspects that make steam cycles not feasible for low

temperature applications. More details on the characteristics and advantages of organic

fluids are explained below.

2.2.2 Organic Fluids

Organic fluids have high molecular complexity, which increases the heat capacity of

the fluid. This leads to variation in the traditional shape of the saturation curve.

This particular shape makes possible expansion in dry conditions from saturated vapour

state. Fluids with less molecular complexity, which have a regular saturation curve such

as water, need significant superheating to ensure expansion occurs in dry conditions.

This behaviour can be seen in Fig. 2.7 (a) showing the traditional shape of the saturation

curve of water and Fig. 2.7, (b) shows the saturation curve of R1233zd(E). Water shows

a ”humid” expansion from state 1, on the saturation line to 2, inside the saturation

region, as shown in Fig. 2.7 (a). However, the organic fluid in Fig. 2.7 (b) shows a
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”dry” expansion, since state 2 is outside the saturation region.
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Figure 2.7: Saturation curves of different fluids: water (a) and refrigerant (b)

Using a refrigerant with ”dry” expansion characteristics as working fluid has the advan-

tage of requiring less superheat. On the other hand, the disadvantage is that the final

state after the expansion, 2 in Fig. 2.7 (b) is more superheated than the same state

using water as working fluid. Part of the heat rejection process occurs outside of the

saturation region.

The thermodynamic nature of steam is the reason why traditional Rankine cycles with

water as working fluid show low efficiency with low-temperature heat sources. Moreover,

steam cycles are not an option for small scale applications due to the high cost of

the multi-stage turbine required as well as the technical complexity of the plant and

the turbine design itself. ORC instead, makes feasible the implementation of energy

recovery at small scale low-temperature waste heat sources. The molecular complexity,

low critical pressure and temperature of organic fluids make possible a single stage

turbine design for this type of application.

The selection of the specific organic fluid is highly sensitive to the operating conditions

of the given application, but other considerations need to be taken into account too.

The fluid has to fulfill the following requirements:

• Low global warming potential, which accounts for the amount of heat trapped

by a certain mass of the working fluid compared to the heat trapped by an equal

mass of CO2.
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• Low ozone depletion potential, which accounts for the ratio of global loss of

the ozone layer due to a certain mass of the working fluid over the global loss of

the ozone layer produced by an equal mass of CFC-11.

• Nonflammable, noncorrosive and nontoxic to ensure safety and material dura-

bility. Some applications adopt the use of flammable working fluids, such as hy-

drocarbons (propane, butane, cyclopentane, among others) or toxic fluids, such

as ammonia.

• Chemical stability to prevent degradation with temperature.

• Commercially available, especially for large scale plants where the cost of the

working fluid is a large share of the total investment.

• Appropriate critical temperature and pressure for the application.

• Suitable molecular complexity and molecular mass to ensure dry expansion

and reduced number of turbine stages. However, these features have also negative

effects related to the size and cost of the heat exchangers.

Working fluids that meet all the requirements explained above are scarce. Nowadays,

chlorofluorocarbons, known as CFC, are banned in many applications due to their envi-

ronmental impact. Hydrochlorofluorocarbons, HCFC, and hydrofluorocarbons, HFC are

also in the process to be removed from operating systems.

After a preliminary study on the efficiency of the organic Rankine cycle with different

working fluids, R1233zd(E) was selected as working fluid for the application under study.

This organic fluid belongs to the family of the hydrochlorofluoroolefin (HCFO) and is a

new generation fluid replacing R11 (CFC), R123 (HCFC) and R245fa (HFC) which were

found to be not environmentally friendly. Tables 2.1 and 2.2 summarise the properties of

R1233zd(E) compared to the properties of working fluids to be replaced. R1233zd(E)

shows similar properties to the other three fluids, but no impact on global warming

showing a GWP of zero [2]. The ODP is not zero, but close enough, compared to the

ODP of 1 and 0.02 of R11 and R123, respectively.
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Property Value

Chemical Name Trans-1-chloro-3,3,3-trifluoropropane

Chemical Notation (E)CF3-CH=CClH

Critical Temperature [◦C] 165.5

Critical Pressure [bar] 35.7

Relative Molar Mass [g/mol] 120.5

Liquid Density 0◦C [kg/m3] 1321.3

Vapour Density 25◦C [kg/m3] 7.2

Table 2.1: R1233zd(E) thermophysical properties [1]

Property R11 R123 R245fa R1233zd(E)

Molar Mass [g/mol] 137 153 134 131

Critical Temperature [◦C] 197.6 183.7 154.01 165.5

Normal Boiling Point [◦C] 23.71 27.82 15.14 19.00

GWP 5160 807 880 1

ODP 1.00 0.02 0.00 0.00034

Table 2.2: Comparison of basic thermophysical properties and environmental index of
R11, R123, R245fa and R1233zd(E) [2]

2.2.3 Components of an ORC System

As discussed previously, ORC systems show simpler layout and less components than

equivalent steam Rankine cycles. The four main components of ORC systems are:

pump, evaporator, condenser and expander. If the cycle is recuperative, a fifth compo-

nent needs to be included, the recuperator.

The pump raises the pressure of the fluid after the condenser and before the evaporator.

Variable speed centrifugal pumps are typically used in ORC applications. If the pressure

ratio is sufficiently high multi-stage configuration is adopted. This component may need

a large proportion of the power generated in the expander depending on the application,

cycle configuration and fluid selection. In those situations special attention is required

for the pump design.

Heat exchangers are used in the evaporation, condensation and recuperation stages.

Similar considerations apply to the heat exchangers used in each stage. Careful selection
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Figure 2.8: Centrifugal pump

and design of the heat exchangers is paramount because of the relative low efficiency of

ORC cycles. This means that a large proportion of the heat absorbed is then rejected

in the condensation stage,leading to large heat transfer areas and large fraction of the

total cost of the ORC plant. Higher heat transfer areas improve the efficiency of the

cycle, but increase the equipment cost.

The fluid absorbs the waste heat from the source through the evaporator until satura-

tion or even superheated conditions are achieved. The type of heat exchanger for this

stage varies depending on the operating conditions and constraints of the application

as well as on the type of fluids used. In subcritical cycles the primary heat exchanger

consists of the economiser, the evaporator and the superheater. Shell and tubes are the

most common heat exchanger for the economiser and superheater if the heat source is

liquid. For the evaporator, kettle reboiler type is preferred.

The heat rejection happens in the condenser. Condensers typically have a similar

configuration to kettle reboiler heat exchangers when cold water is available or when

a heat transfer fluid is used for cogeneration applications. Cold water from natural

resources cannot return to the environment at a high temperature, introducing cooling

towers can reduce the condensation temperature and the mass flow or water used.

If water is not available, air cooled condensers are used instead. The equipment consists

of finned tubes and fans often of large size due to the poor heat transfer coefficient of
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air. This can impact negatively the ORC plant, since the weight, footprint and cost

could increase significantly. Recently, water sparkling systems have been introduced in

this type of heat exchangers to improve the heat transfer, especially when the ambient

temperature is high.

The recuperator uses heat in the stream at the turbine outlet to preheat the fluid

leaving the pump. Finned tube heat exchangers are usually chosen for this stage.

This component helps increasing the cycle efficiency, especially at high temperature

applications. The working fluids of these applications show high molecular complexity,

leading to small temperature drop across the expander stage. The high thermal power

available can be then transferred to the cold fluid coming from the pump.

For small size applications brazed plate, plate-finned and plate-shell heat exchangers,

can replace shell and tubes as well as kettle re-boiler heat exchangers. Figure 2.9 shows

a few examples of heat exchangers.

The expander takes the fluid at high temperature and pressure after the evaporator

and extracts the power. Both volumetric or positive displacement machines and tur-

bomachinery can be used, the choice depends on the size of the ORC system and the

working fluid selection.

Volumetric or positive displacement devices expand the fluid by increasing its volume

and they are often found in small scale applications (below 100kW of power output).

Scroll, screw and piston expanders have been used in ORC applications and are cost-

effective [11, 13, 52, 53]. They can also cope with two-phase expansion. However there

are some limitations related to the reduced volume ratio they can operate, difficulty for

multistage configuration and maximum temperature materials can stand due to thermal

expansion [10, 54]. Figure 2.10 show examples of screw, piston and scroll expanders.

Most of the ORC applications, especially in large scale, use turbines as expanders. The

different types of turbines are axial, radial inflow and radial outflow and their application

in ORC systems mainly depend on the size. More details on each type are provided in

the next section.

Turbines allow for much bigger expansion ratios than volumetric devices, however their
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(a)

(b)

(c) (d)

Figure 2.9: Heat exchangers: (a) shell and tube, (b) kettle boiler (c) brazed plate and
(d) shell and plate types
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(a) (b)

(c)

Figure 2.10: Volumetric expanders: (a) Screw expander, (b) piston expander and (c)
scroll expander [11–13]

efficiency is heavily penalised in small scale ORC plants if they are not carefully designed.

Therefore, it is important for ORC designers to have the appropriate tools for high

efficiency turbine design, which will enhance the efficiency of the overall system. A

more detailed literature review is summarised below on expander design for ORC and

ETC applications.

2.3 Expander Design

Turbine modelling has been explored during the last decades for many diverse appli-

cations such as, steam and gas turbines for power generation, aircraft engines, tur-

bochargers and wind turbines among others, with the aim of obtaining more efficient

turbine designs. Traditionally, the common modelling strategies relied on iterative ad-

justments of some parameters that affect the turbine geometry and performance. New

automated approaches, based on physical models coupled to optimisation routines, have

been developed to make the design process more automated [55].
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Several aspects must be taken into account when designing a turbine for a given appli-

cation. Figure 2.11 shows a brief summary of the main aspects to be considered in this

process: topology, boundary conditions and modelling approaches. Typically, different

modelling techniques have been applied for each turbine topology (axial, radial, mixed-

flow), due to the different geometry of each topology, leading to different assumptions

and simplifications of the turbomachinery equations. For instance, the blade speed in

axial turbines is assumed to be constant throughout the rotor, since the radius in the

inlet and the outlet of the rotor has almost the same value. However, in radial and

mixed flow turbines, the large variation in radius between the inlet and the outlet of the

rotor makes this assumption invalid when modelling this type of turbine designs.

1D 2D 3DWaste Heat Stream

Applica�on Constraints

Design ParametersAxial

Radial

Turbine Modelling

Topologies Boundary Condi�ons Approaches

Radial Applica�on Focused Op�misa�on 1D Meanline
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Figure 2.11: Different approaches in turbine modelling

The design of a turbine is strongly influenced by the boundary conditions in which the

turbine will operate. Some of boundary conditions are given by the waste heat stream,

but also by the application constraints and design parameters of choice. The design

parameters can be chosen within a range defined by upper and lower boundaries to

ensure a realistic and feasible outcome.

The third aspect to consider in turbine modelling and design is the modelling approach.

Commonly, there are different modelling approaches which provide higher or lower levels

of accuracy and computational cost. 3D and 2D-axisymmetric approaches, developed

by means of computational fluid dynamics are complex, time-consuming and the opti-

misation of these models is usually limited. However, a reduced or low-order modelling

approach, such as the one-dimensional mean-line modelling, simplifies high-fidelity com-

plex models but still provides enough accuracy compared to the small amount of time

required to compute.
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Considering the different approaches in turbine modelling, the aim of this thesis is to

develop a general one dimensional model for radial inflow turbines which also considers

different working fluids. The outcome of the model will be a radial turbine design,

optimised for maximum performance for a given application. The modelling approach

considered to be optimum for this research corresponds to 1D meanline modelling. This

approach is widely used in preliminary turbine design due to its compromise between

low computational cost and decent accuracy.

2.3.1 Expander Topology

Typically, every turbine stage has a stationary component, the stator, generating swirl

to the flow; and a rotor, through which the fluid expands and turns to give tangential

velocity, generating power [56]. However, there are fundamental differences between

each topology, both in their geometry and design features as well as in the application

and boundary conditions.

In axial turbines, the inflow and outflow follow predominantly the axial direction. The

manufacturing process of this type of expander is rather complex since blades and disks

are usually manufactured separately and assembled later on. [56]. Axial turbines are

more appropriate for large power applications. A picture of an axial turbine is shown in

Fig. 2.12.

Figure 2.12: Axial turbine.

In radial inflow turbines, the flow approaches the rotor blade in the radial direction

and leaves it mainly axially. This type of turbine has higher specific power than the

axial design due to the contribution of the change in blade speed since the radius is not
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constant throughout the stage. Therefore, for the same power output, radial expanders

can be smaller in size or have fewer stages when compared to axial turbines. Being

more compact than axial turbines, the rotor wheel of a radial turbine can be a single

casting, making the manufacturing process easier and cheaper [56].

(a)

(b)

Figure 2.13: Radial inflow turbine: volute (a) and rotor (b).

Radial inflow turbines usually consist of a volute, shown in Fig. 2.13(a) and nozzle vanes

which distribute the flow in the circumferential plane and turn it to the correct angle

as it approaches the rotor blades. The rotor, Fig. 2.13(b), harvests the energy of the

flow coming from the volute outlet. However, some radial-inflow turbine designs avoid

the use of nozzle vanes. Nozzleless radial inflow turbines are more compact and the

manufacturing cost is smaller compared to nozzled turbines, but they have lower peak

efficiencies, due to the lack of pre-swirl, commonly given by the nozzle. On the other

hand, nozzleless turbines show better performance in off-design conditions compared to

nozzled turbines. A diffuser is sometimes placed in the rotor outlet so that the static

pressure is recovered, usually allowing a higher pressure ratio across the turbine.

Radial outflow turbines have a similar configuration to radial inflow turbines, but the
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flow approaches the rotor axially and leaves it in the radial direction instead. Moreover,

in this turbine topology, the radius of the turbine increases towards the outlet. This

feature is particularly interesting for fluids that show a high expansion ratio, like organic

fluids [57]. Figure 2.14 shows a radial outflow turbine, indicating the direction of the

flow.

Figure 2.14: Radial outflow turbine [14]

The mixed-flow turbine is a variation of the radial inflow turbine, where the rotor

leading edge radius is not constant and the flow at the rotor inlet has radial and axial

components. Figure 2.15 shows the main differences in the blade shape and the flow

direction of both radial and mixed-flow turbines. The main advantage of mixed flow

turbines is that the radius ratio between the exit tip radius and the inlet radius can be

larger while the blades maintain low curvature. The low blade curvature reduces the

centrifugal pressure that develops against the flow direction, smooths the flow across it,

allowing less flow separation and increasing the swallowing capacity of the turbine, which

defines the turbine performance range [58]. The lower blade curvature also provides a

shorter and more compact passage. Therefore, the rotor exducer and throat area can

be bigger, making the mixed-flow turbine good for large flow capacity applications [56].

The cone angle, defined as the angle between the blade span and the radial direction

in a mixed-flow turbine (see Fig. 2.15) adds an extra degree of freedom to the design

process, since different cone angles will lead to different turbine geometries. The mixed
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Figure 2.15: Comparison between mixed-flow (right) and radial (left) turbine rotors [15]

flow configuration allows the use of non-zero blade angles at the same time that the

radial blade fibre requirement is satisfied. In radial turbines, the zero-blade angle is the

main limitation since it is required to keep the blade load purely tensile [59]. Baines

et al. (1979) [60] conducted an experimental test of mixed flow turbines with positive

blade angles obtaining higher efficiency and at lower velocity ratios, as well as higher

swallowing capacity than equivalent radial-inflow turbines.

Authors started investigating mixed flow turbines for turbocharger applications [60].

Maximum efficiency and flat response of the pressure ratio with the swallowing capacity

of the turbine were the main targets of turbocharger designers. The swallowing capacity

of a radial turbine increases with decreasing turbine speed, which leads to a sudden

decrease in pressure ratio and boosting capacity of the turbocharger. In addition, the

inherent zero inlet blade angle of radial inflow turbines, to keep the radial fibre, set the

velocity ratio for maximum efficiency at 0.7. The velocity ratio is defined as the ratio of

the blade speed in the rotor inlet, U4, over the isentropic or spouting velocity, Cis, the

equivalent ideal velocity that the fluid would have in an isentropic expansion from the

turbine inlet conditions with the designed pressure ratio, Eq. 2.1, where the subindex 4

indicates the rotor inlet and β and α, the relative and absolute flow angles, respectively.

If zero-incidence is assumed, then the velocity ratio is fixed to 1/
√
2, which is around

0.707.
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V R =
U4

Cis
=

1√
2

√
1− tanβ4

tanα4
(2.1)

In radial turbines, decreasing the degree of reaction will move the optimum velocity ratio

towards lower values. That would require, however, to sweep the blade in a forward

direction at the inlet, breaking the radial fibre condition. However, mixed-flow turbines

can achieve this lower optimum velocity ratio while keeping the radial fibres of the

blades; they show a flatter pressure ratio response and a higher swallowing capacity.

Due to the different geometry and features between axial and radial turbines, the sim-

plifications used to model each topology are not the same. This has led to multiple

different models depending on the turbine topology. The mixed-flow turbine has com-

mon characteristics with both axial and radial designs, since the flow entering the turbine

rotor has both radial and axial components. Although the first models for mixed-flow

turbines used an axial turbine approach [61], the radial approach was preferred by au-

thors to model mixed-flow turbines, because of the geometrical and flow similarities

between both topologies.

2.3.2 Meanline Modelling for Radial Inflow Turbines

The real flow through a turbine is rather complex, 3D, viscous and compressible, even

supersonic in some regions. There are modelling strategies that try to reduce complexity,

one such method is known as the mean-line model approach. It has been shown to

provide a good preliminary design and performance prediction at off-design conditions.

Radial and mixed-flow turbine modelling have been a research topic of interest for more

than 50 years, in which many authors have been involved, as can be seen in Fig, 2.16.

Upon completion of the meanline design methodology, 2D and 3D modelling is needed

to analyse the flow through the turbine.

Mean-line modelling is a one-dimensional modelling approach which assumes that the

flow behaviour (thermodynamics and aerodynamics) through the turbine can be repre-

sented only from the flow along the mean-line, the streamline at mid-span [55]. The

mean-line model is usually the first step in the design process. Stations are chosen
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Figure 2.16: Radial and mixed-flow turbine mean-line models in the literature.

at the inlet and outlet of each component, as shown in Fig. 2.17. Thermodynamic

and fluid dynamic conservation principles (mass, momentum and energy) are applied

at each station. The outcome of this analysis is the main geometrical parameters and

estimated performance of a turbine [56].

1

Meanline

Volute

Nozzle
Interspace

Rotor

Difusser

2
3

46
7

Tip Clearance

Figure 2.17: Turbine stations considered in mean-line modelling.

Futral and Wasserbauer (1965) developed one of the first methodologies for design

and performance prediction of radial-inflow turbines [62]. This turbine model was based

on the one-dimensional solution along the mean streamline of the blade, a mean-line

model. Perfect gas conditions were assumed and the turbine performance was com-

puted only for subsonic conditions, as choking was not expected for the turbines they

considered. Later, Todd and Futral (1970) used this mean-line model to create a code

in FORTRAN IV for automated turbine calculations for both design and off-design con-

ditions [63]. The code was used for off-design performance prediction of an existing

turbine, and also as design guide for the development of new ones.

At the same time, Rohlik (1968) developed the first analytical method for high effi-
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ciency radial turbine design [16]. The aim of the study was to carry out a comprehensive

analysis of the preliminary turbine design process to provide a quick guide to selecting

the turbine geometry for optimum efficiency depending on the turbine specific speed.

Assuming zero-swirl at the rotor outlet and a good rotor reaction, Rohlik developed

a mean-line model with three independent variables to find the turbine design with

the highest efficiency. These variables were the stator exit flow angle, stator blade

height-to-rotor exit diameter ratio and outlet to inlet diameter ratio.

Rohlik analysed the effect of the independent variables on the turbine performance

(efficiency, geometry and velocity ratio, among others) for a range of specific speeds

from 0.12 to 1.34 rad ·m− 3
2 · kg−

3
4 · s−

3
2 · J− 3

4 [16]. Although the maximum static

and total efficiencies were found at different values of specific speed (0.58 and 0.93,

respectively), the geometry was the same for the optimum of both efficiencies. The

pressure ratio had a small influence on the turbine geometry, except on the stator blade

height-to-rotor inlet diameter ratio. The density change between the rotor inlet and

outlet depends on the pressure ratio and is directly related to this geometrical relation.

Results also indicated that the static efficiency decreased significantly at low specific

speeds due to large passage, windage and clearance losses. Similarly, the efficiency

decreased at high specific speed due to the high flow and exit losses. Finally, Rohlik

found that the presence of the diffuser enhanced the total to static efficiency except at

high specific speeds.

Wasserbauer and Glassman (1975), 5 years later, reviewed Futral and Wasserbauer’s

procedure [62] and Todd and Futral’s code [63], because poor agreement of their results

with experimental data [64]. A subroutine to account for choked conditions was included

in the new code. The loss correlations included in the former code were reviewed and

updated, and additional losses, such as windage losses, were implemented in the new

version of the code. Experimental results of two radial turbines were used for validation.

Wasserbauer and Glassman found a better agreement with the new version of the code,

particularly regarding the total efficiency, where maximum deviation were as high as

10% in Todd and Furtral’s code and negligible with the new version. An improved

correlation was found between the mass flow rate and the turbine performance with the

experimental data suggesting that new loss models were more accurate.
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The following year, Glassman (1976) developed a computer program for radial-inflow

turbine design [65] based on Rholik’s mean-line model [16]. From the flow conditions

(inlet temperature, pressure and mass flow), the turbine power output and speed at the

design point, a preliminary design of the turbine geometry and its performance could

be obtained. Some examples were included in Glassman’s study, but no validation was

discussed in the paper.

Parallely, Whitfield and Baines (1976) derived a general one-dimensional perfor-

mance prediction method for radial turbomachinery [65]. The aim of the study was

not to develop a new mean-line model for turbine design and analysis like the previous

approaches already mentioned [62, 63, 65], which required the designer to become fa-

miliar with each methodology. Instead, their objective was to separate the fundamental

one-dimensional gas theory used on the mean-line approach from the empirical loss

correlations and the assumptions that must be considered to apply the basic theory to

a real three-dimensional flow through a turbine. Whitfield and Baines came up with a

single general equation for all duct configurations and explained the different considera-

tions that must be taken into account for each duct (volute, nozzle, rotor and diffuser).

Thus, the authors provided an open-ended methodology for turbine design and analysis,

an alternative to previous mean-line models, which showed certain limitations to new

designers.

At the same time radial turbine modelling was being developed, mixed-flow turbines

awakened interest. Baines, Wallace and Whitfield (1979) investigated the use of

mixed-flow turbines for turbocharger applications [60]. They developed a computer

program that accounts for all the cone angles of mixed-flow turbines. They used previous

approaches of design and off-design mean-line models [65, 66]. 3D methods were used to

generate the blades and the complete geometry of the turbine. Two mixed-flow turbines

were designed using this procedure, manufactured and tested in a dynamometer rig. In

addition, an equivalent radial turbine was also tested to check the advantages of mixed-

flow turbines. The mixed-flow turbines showed improved efficiency and swallowing

capacity compared to the radial turbine, as well as lower blade tip speeds for the same

overall dimensions.
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Meitner and Glassman (1983) [17] updated the previous mean-line models for radial

turbines [64, 65], reviewing loss correlations and accounting for new losses and vari-

able area nozzle turbines. Named RTOD, Radial Turbine Off-Design, the computer

program predicted the performance of an existing turbine depending on its operating

point. The code was validated with a radial turbine for space applications tested by

Wassenbauer in 1966 with air and argon [67]. A thorough comparison between this

code and Wasserbauer and Glassman’s [64] was discussed, showing that both computer

programs provided a good efficiency prediction, in agreement with the experimental

data. The more accurate geometry inputs and flow modelling in the rotor trailing edge

made the Meitner and Glassman’s code predict mass flow rate more closely to the ex-

perimental data than Wasserbauer and Glassman’s program. However, the new version

of the code still underpredicted the mass flow rate under choking conditions, which was

attributed to the inaccuracies of the loss models.

Rodgers and Gueiser (1987) carried out the design and experimental test of a radial-

axial two stage turbine [68]. They correlated the flow coefficient and the velocity ratio

with the efficiency in a similar way to the Smith chart for axial turbines [69], as it can

be seen in Fig. 2.18(a) and 2.18(b), respectively. They found that the flow coefficient

range for the highest efficiency in radial turbines was between 0.2 and 0.3, and the

velocity ratio, around 0.7.

(a) Rodgers and Gueiser chart [68] (b) Smith chart [69]

Figure 2.18: Turbine performance contours for radial (right) and axial turbines (left).

Later,Whitfield (1989) [70] developed a non-dimensional methodology for radial inflow

turbine design looking for maximum efficiency. A non-dimensional turbine design could

be obtained by specifying the power ratio and an optimum incidence angle, between -30
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and -20 deg, as well as by estimating the efficiency. The efficiency was recalculated with

empirical loss correlation models and updated in the preliminary design. The final non-

dimensional design could be transformed into actual dimensions by setting the power

output or the mass flow rate at design conditions.

Abidat et al. (1992) [71] designed and tested two mixed flow turbines using the

correlations and loss prediction of previous authors [16, 68, 72]. They generated different

designs depending on the stator outlet flow angle, the cone angle, the inlet blade angle,

the rotor pressure ratio and the volute area-to-radius ratio. After checking the off-

design performance, two different turbine geometries were chosen, one with constant

blade inlet angle, rotor A, and the other with constant incidence along the span of the

blade, rotor B. Experimental results showed that the assumed optimum incidence was

close to the real incidence. Rotor A had a higher efficiency, whereas rotor B showed a

larger swallowing capacity.

Baines (2002) suggested a design method based on the selection of the flow and

load coefficients, which are strongly related to the efficiency [56]. This methodology is

similar to the design approach for axial turbines and it has been implemented recently

by some authors successfully [73–75] when a preliminary design is needed. For off-

design performance prediction, Baines improved the meanline model for high-pressure

ratio conditions. After choking the throat area, the parameter which controls the mass

flow, is reduced due to blockage. This phenomenon was accounted for by adjusting

the deviation angle. Nozzle tip clearance losses were also accounted for variable area

nozzles. These developments in the code were reported in a series of papers led by the

author and in collaboration with others [76, 77]

Romagnoli (2010) [78] introduced modifications to meanline model to predict the

performance of twin entry, mixed flow turbines. The model was successful when pre-

dicting the turbine performance at full and partial admission conditions. The model

was validated with experimental data of a wide operating range, unlike the previous

meanline model, which relied on limited range experimental data.

More recently, Hohenberg (2020) [79] developed a meanline model and carried out

an extensive loss correlation comparison and calibration with a design space CFD data



2.3. Expander Design 73

and experimental data in a wide range of operating conditions. Efficiency and mass

flow predicted by meanline model deviate an average of 3% in efficiency and mass flow

in the calibration dataset.

2.3.3 Loss Modelling

The complex 3D flow through a turbine leads to energy losses that can not be cap-

tured by reduced order modelling approaches, like meanline modelling. Therefore, semi-

empirical correlations were developed by different authors to account for the losses in

the preliminary turbine design and performance prediction methodologies. Volute and

nozzle loss correlations are used in turbine modelling to account for the complexity of

loss sources and types. In the rotor, the different loss mechanisms have been identified

and, although they are all interrelated, a physical-based loss breakdown is sensible, as

Rohlik [16] showed in Fig. 2.19. The loss sources usually considered in the rotor are

the following and are discussed below:

• Incidence losses

• Passage losses

• Tip clearance losses

• Trailing edge losses

• Disk friction losses

• Exit losses

There are different ways to define loss coefficients: in terms of enthalpy [80], stagnation

pressure [81] or head loss [82]. Although Horlok showed the relation between the

enthalpy loss coefficient and the pressure loss coefficient [81], this can only be applied

in nozzles, because in the case of rotors of radial inflow turbines, the relative stagnation

pressure through the rotor is not constant, even in ideal conditions. Therefore, the

loss correlations need to be carefully chosen and their coefficients calibrated for a given

application so the model is highly accurate.
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Figure 2.19: Loss distribution of a turbine with the rotational speed [16].

Incidence Losses The incidence loss occurs as a consequence of turning the flow

from the free stream direction to the blade direction, it is also related to the circulation

needed for a flow to turn around a body [56]. The first formulation of the incidence loss

was based on a stagnation pressure loss coefficient, assuming that the process occurs

at constant static pressure, by Wallace [66]. Later, Futral and Wasserbauer modelled

the incidence loss as a change in tangential kinetic energy [62]. This formulation was

updated by Wasserbauer and Glassman for non-zero optimum incidence [64] and has

been used in some of the most recent mean-line models [74, 83], although others

preferred previous models [73, 75].

Passage Losses Passage loss is the main blade loss related to friction (profile loss)

at the wall as well as the effects of secondary flow motion that ensues due to pressure

gradients caused mainly by Coriolis forces and centrifugal forces. Note that in this thesis

the tip leakage loss has a specific entry although it clearly interacts with passage loss. In

addition, flow separations can occur, contributing to the flow disturbance in the passage

and enhancing the passage loss. Therefore, conventional analysis of friction in a duct is

not an accurate approach for passage loss modelling. Correlating experimental results of

passage losses for turbine performance prediction is a rather complex problem because

incidence conditions have an important influence on the flow through the passage [84].
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The tip speed, the mass flow rate and the number of blades are some of the most

influencing parameters in passage losses [80]. Unlike in axial machines, passage losses

in radial turbines include both profile (friction) and secondary losses and its breakdown

does not seem very sensible in this case [56].

In 1970, Benson reviewed some of the earliest passage loss correlations of that time,

comparing the results with experimental data [80], but found a small numerical differ-

ence among them. The correlation of Bridle and Boulter [85], which used the Aienly

and Mathieson [86] approach for modelling the secondary flows, had three empirical

constants. Balje [82] used the convectional skin factor to model passage losses, includ-

ing an empirical loss factor to account for secondary losses. Futral and Wasserbauer [62]

developed a simple correlation considering the mean kinetic energy of the flow through

the passage, but it lacked physical basis. Benson developed a correlation based on the

inlet relative velocity [87]. Later, Wasserbauer and Glassman in 1975 further developed

the passage loss correlation from Futral and Wasserbauer [62] based on an evaluation

of the boundary layer thickness development. They defined it as kinetic energy loss, a

fraction of the ideal velocity of the flow through the blade passage [64].

Glassman in 1976 [65] used correlations based on the enthalpy loss coefficient proposed

by Rohlik [16]. First reported by Benson [80] and then by Baines [56], the loss model

proposed by Futral and Wassenbauer [62] and later improved [64] is the most widely

used correlation in current radial turbine models [74, 75, 78, 83, 88, 89], as it is simple

and provide the same accuracy than other models. Nevertheless, Baines [56] discussed

that this approach does not predict losses properly when dealing with a wide variety of

radial turbines. Therefore, an updated correlation to model friction losses and secondary

flow more accurately was provided by Baines [56].

Disk Friction Losses These losses relate to the rotating back surface of the rotor,

they are always present and are enhanced flow leakage. They are usually modelled

as a power loss [56, 80]. The analysis of Daily and Nece [90] considered enclosed

rotating disks in 1960, setting the basis for the disk friction correlation, which is the

most commonly used [56, 80].
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Tip Clearance Losses The radial and axial clearance between the rotor and the

shroud is a source of losses due to leakage over the tip of the blade. Futral and

Wasserbauer modelled this loss as a fraction of the mean kinetic energy [62]. Rodgers

defined clearance losses as an empirical efficiency drop coefficient [68]. Then, Glassman

[65] suggested that the tip clearance losses were a fractional loss equal to the clearance-

to-blade height ratio, based on the analysis by Rohlik [16]. Reported by Baines [56],

the tip clearance loss model from Dambach et al. [91] includes the effects of radial and

axial clearances and a cross-coupling coefficient. This loss can become quite large and

become the dominant loss mechanism for high pressure ratio turbines, especially when

the clearance-to-blade height ratio is also high. This is particularly relevant in the case

of ORC turbines, which operate at high pressure ratio and have small blade heights.

Trailing Edge Losses Trailing edge losses account for the losses generated from the

rotor throat to the trailing edge plane, which the passage losses reported by Baines [56]

do not include. Thus, Baines suggested a pressure loss coefficient based on a sudden

expansion between the throat and the trailing edge. Glassman, instead developed a

more complex expression [92] that is widely used in turbine modelling [74].

Exit Losses The exit loss is related to the kinetic energy of the flow that leaves the

rotor, in other words, the rotor was not able to recover this energy and thus it can be

seen as a loss. The use of an exit diffuser is often used to allow the turbine to extract

greater power by increasing turbine pressure ratio and reducing exit kinetic energy.

Some of the loss correlations above explained are included in the meanline model de-

veloped for the current project. Specific details in the loss models chosen are in the

following chapter.

2.3.4 Non-ideal Gas Effects and Modelling

All turbine models described above were developed under the ideal gas assumption.

However, the matching between mean-line model predictions and experimental data for

turbines used in other applications, such as ORC, was not satisfactory. The meanline
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model developed by Baines [18] is the most widely used in recent studies on radial inflow

turbines. These studies attempted to solve the limitations of the ideal gas assumption

by using the compressibility factor or the equations of state of different fluids.

The behaviour of the fluids of high molecular complexity and the fluids that operate

around the critical point need to use equations of state that describe more accurately

their non-ideal properties. Van der Waals introduced the first equation of state and

set the basis for the family of cubic equations of state such as Peng-Robinson (PR)

[93] or Soave-Redlich-Kwong (SRK) [94, 95] equations. These are frequently used due

to their computational efficiency and the limited amount of factors needed to perform

calculations.

Although many types of equations were developed in the early 1900s, with the im-

provement of computational resources and optimisation strategies, more sophisticated

equations of state were derived. These are multiparameter equations of state based on

the Helmholtz free energy methods. Nowadays, multiparameter equations of state are

the most accurate methodology for property calculation [96]. Thermophysical property

data of several fluids are available in databases such as CoolProp [97] or REFPROP

[98].

Multiparameter equations of state are empirical correlations of experimental data. There-

fore, different equations apply to each fluid or family of fluids. R1233zd(E) equation

of state used in the databases was developed by Mondejar et al. in 2015 [1]. Most

of the meanline models in the literature have used these databases to carry out the

calculations for radial turbine design for ORC applications [55, 73–75, 99–101].

2.3.5 Non-Radial Fibre Blading

Turbine blades are commonly designed to be oriented in the radial section in planes nor-

mal to the axis of rotation, this is known are radial fibre rotors [18]. This design feature

results in low stresses in the blades. High temperatures and the centrifugal loading at

high rotational speeds, induce large stresses that may compromise the structure if the

radial-fibre design constraint is not followed. Departing from the radial fibre constraint
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introduces additional degrees of freedom in the design process, allowing the possibility

of different camberline and blade angle distributions along the span.

From an aerodynamic point of view, the incidence angle deviates from the optimum

value, which lies between -20 and -40 degrees [18], when operating at off-design con-

ditions, particularly at low velocity ratios, at which the incidence angle increases. This

effect has motivated the positive inlet angle, or backswept rotor designs, seeking to

decrease the incidence angle.

Discussion on non-radial blading designs can be found in the literature as early as 1982.

Mulloy et al. [102] carried out an experimental assessment of different configurations

of a 40 degree backswept rotor compared to a radial design. The results showed per-

formance improvement in the non-radial blading design due to the swirl reduction of

the flow leaving the rotor. A smaller degree of separation and recirculation was found

in the optimised rotor, explaining this lower exit swirl. A large recirculation formed at

the rotor inlet was found at low mass flow and low speed operating conditions, which

is explained as a similar effect to non-zero incidence.

Barr et al. [103] carried out an experimental and numerical investigation on a 25

degree inlet blade angle backswept rotor reporting an efficiency improvement of 1.76%

at low velocity ratios (high pressure ratio) compared to a radial baseline design. It

was argued that the performance improvement corresponded to mass flow increase at

these points. However, the efficiency was penalised at design point for the optimised

rotor. The analysis of the secondary flow features showed a reduction on the vortex

forming at the leading edge due to separation on the suction surface. This vortex was

also found to have less influence on the flow at the trailing edge in the backswept

design. In addition, structural and modal analyses carried out showed good structural

and vibrational behaviour.

Walkingshaw et al. [104] investigated the effect of inlet blade angle on different designs

with constant backsweep and one design with a variable inlet blade angle along the span.

The results suggested flow separation at the pressure surface with increasing blade inlet

angle. Moreover, the simulations showed a decrease in blade loading at the leading

edge in designs with high backswept angle which reduced the suction surface separa-
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tion and tip leakage at high velocity ratio conditions. This explained the performance

improvement found when increasing inlet blade angle. However, the stress constraints

made some of the designs inadequate for high-speed, high-temperature turbocharging

applications.

The literature on non-radial blading summarised above focused on turbocharger ap-

plications. These applications are characterised by high pressures, temperatures and

rotational speeds. The high centrifugal and thermal stresses in these applications mean

that only small deviations from the radial fibre constraint are possible in order to keep

the structural integrity of the rotor.

2.4 Experimental Testing

A larger database on experimental measurements of axial turbines is available in the

literature, compared to radial turbine experimental data. Most of the experimental data

available in the literature has been obtained by cold air testing. Although cold tests do

not replicate the real hot conditions, non-dimensional analysis allows finding equivalent

cold conditions to simulate an operating point in hot conditions. This a good way to

directly compare the results from the mean-line model, since the adiabatic conditions

in the calculations are close to the cold test conditions since little heat transfer occurs.

Test rigs for cold tests usually consist of a compressor that blows pressurised air into

the turbine. Two different ways of measuring the actual power output can be found:

• The actual power of the turbine can be measured from the power consumption

of the compressor [67].

• A dynamometer can measure the actual torque of the turbine with a load cell.

The first way uses a compressor as a loading device and thus relies on thermodynamic

quantities (i.e. temperature rise) and includes mechanical efficiency losses, it is thus

less accurate. Imperial College facilities include an eddy-current dynamometer that

removes the difficulties of using a compressor to evaluate turbine power. Additionally,
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it measures directly the turbine power. Many radial and mixed-flow turbines have been

experimentally tested in this facility [58, 78, 79, 88, 88, 105]. Figure 2.20 shows a

schematic representation of Imperial College test facilities. More details about the

testing facilities are provided in the next section.

Figure 2.20: Eddy-current dynamometer test rig at Imperial College.

ORC experimental facilities have been developed in many locations worldwide, but those

focused in radial inflow turbines testing are limited. In Korea, a simple 42 kW ORC

experimental test bench was built to test single and two stage radial turbines [106, 107],

the working fluid was R245fa. In the same country, another R245fa ORC experimental

facility was designed for the same purpose [108], the power output was 200kW. A

40kW ORC-heat pump unit working with R134a was developed in Switzerland, radial

turbines were successfully tested experimentally [109]. In Finland a 10 kW recuperative

ORC experimental rig was designed running with siloxane as working fluid [110]. A

2kW simple ORC rig with radial turbomachinery was built in China [111], the working

fluid was R123. A comparison between the performance of R245fa and R1233zd(E) of

a radial turbine was carried out in a 3.5 kW ORC research facilities built in Belgium

[112]. In the United Kingdom, a 20kW ORC rig was built coupled with radial turbine

[113].

No experimental facilities combining different waste heat recovery technologies were

found in the literature. Since this research is part of a bigger collaboration, Universiti
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Teknologi Malaysia (UTM), as one of the partners in this global program, has developed

a pilot plant replicating the conditions of the waste heat streams in an oil and gas off-

shore platform. The pilot plant will integrate the waste heat recovery technologies

considered, ORC, ETC and TEG. Figure 2.21 shows the layout of the pilot plant. An

engine provides exhaust gases of similar characteristics as the identified waste heat

sources in the offshore plant. An eddy-current dynamometer will measure the torque

for the test of radial and mixed-flow turbines in real conditions.

Figure 2.21: Pilot plant layout at UTM.

The engine used in the pilot plant as the waste heat source is a CAT C9.3 (see Fig.

2.22). The design power output is 224 kW, 300 HP and their design speed is 2100

RPM. The selection of the engine size has been based on the organic Rankine cycle

boundary conditions that will run on the pilot plant. The engine will be coupled to

a 415V 3-phase AC generator delivering 200 kW of electrical power. The electricity

produced will be used for the power-consuming components in the pilot plant. While

ensuring the pilot plant is self-sustaining, without the need for an external power supply,

it also maintains the engine at fully loaded condition, so that the exhaust gas is at a

constant temperature.

Figure 2.23 shows the process flow diagram of the pilot plant. The electric turbocom-

pounding turbine will be installed downstream of the engine (stage (a) in Fig. 2.23).

The exhaust gas stream of the engine sets the inlet conditions for the ETC turbine, 1.2
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Figure 2.22: CAT C9.3 engine of the pilot plant at UTM.

bar and 470 ◦C. The ETC outlet gas (stage b) still at a high temperature, 455 ◦C will

be recirculated to the ORC heat exchanger to raise the temperature of the organic fluid

before entering the ORC turbine (stage 1). The exhaust gases after the super-heater

(stage c) will be recirculated through the TEG system, which is not included in the

diagram for clarity.

After the turbine expansion (stage 2) the pressure drops from 27 bar to 3 bar and the

organic fluid flows through the regenerator to preheat the fluid after the pump. The fluid

goes to the condenser (stage 3) until saturation conditions are achieved (stage 4). The

pump raises the pressure from 1.6 bar up to almost 28 bar (stage 5), then temperature

rises in the regenerator up to 113 ◦C (stage 6). The flow enters the super-heater where

the fluid will evaporate due to the waste heat reaching 250 ◦C.

The conditions and efficiency of the components shown in Fig. 2.23 were the values

assumed for the system optimisation carried out at UTM. Table 2.3 summarises the

boundary conditions for the ETC and ORC turbine design by using the expander design

approach, explained in the next section.

Parameter ETC ORC

Mass flow [ kg · s−1] 0.3 0.9

Inlet Pressure [bar] 1.1-1.3 27.0

Outlet Pressure [bar] 1.0 3.0

Inlet Temperature [C] 470 250

Table 2.3: Turbine inlet conditions for ETC and ORC applications.
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Figure 2.23: Pilot plant diagram at UTM.

2.5 Gaps of Knowledge

This chapter gathers the literature review and the state-of-the-art on the relevant areas

of this research:

• Lack of investigation on combination of WHR technologies.

• Lack of accuracy of meanline modelling loss coefficients for unconventional bound-

ary conditions, typically found in ORC and ETC applications.

• Lack of understanding of the effect of 3D geometry modifications of the blades

on turbine performance and flow field.

There is a high potential for waste heat recovery in oil and gas offshore platforms.

However, only a few studies have investigated the implementation of ORC systems and

no study has been found on the combination of ORC with ETC technologies for waste

heat recovery. In both technologies, the turbine represents one of the main components

that drive the system efficiency. Therefore special attention needs to be paid to its

design to ensure high efficiency, particularly considering the unconventional boundary

conditions under which the turbines for these applications operate.
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Several authors have developed meanline models for radial inflow turbine design and

performance prediction over the last 80 years, using physically based equations but also

empirical correlations for loss prediction for turbocharger applications. Recently, efforts

have focused on the implementation of the equations of state to predict the behaviour

of non-ideal gases for other applications such as ORC applications. One of the main

limitations of meanline methods lies in the empirical models for loss prediction on radial

turbomachinery, which provide a loss breakdown that may not be entirely realistic.

Moreover, the empirical models rely on calibration coefficients, which are specific to the

application. Therefore, the unconventional boundary conditions of the applications, low

pressure, for ETC and the opposite, high pressure for ORC make the loss coefficients

available in the literature inaccurate. Objectives 1 and 2 of this work address this

research gap and assess how significant these limitations in meanline modelling are.

The meanline model developed in Chapter 3 is used to evaluate the performance and

loss breakdown of several geometries for ORC and ETC applications in the first part of

Chapters 4 and 5.

In addition, low-order models also show limitations when predicting the impact on the

performance of certain geometry modifications. Therefore more detailed approaches are

essential to come up with designs that may be out of the meanline design space and

understand the flow physics. There is a gap in understanding the effect of 3D geometry

modifications and non-radial fibre that is addressed in the final parts of Chapters 4 and

5 and relate to Objectives 3 and 4.

ORC experimental facilities to test radial turbomachinery are available in the literature,

however, no test rig capable of integrating different waste heat recovery technologies

was found. UTM, one of the main collaborators in this project, is currently building an

experimental facility replicating the waste heat stream conditions to test the combina-

tion of WHR technologies. Although this is not part of this thesis, it is important to

highlight the research gap in experimental ORC turbine data, which will be addressed

in the main project in which this thesis is framed.

The next chapter introduces the methodology used in this study to overcome the gap

in knowledge of the topics above, to answer the main research question in this work:
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What is the effect of 3D blade features and non-radial blading on the performance of

low pressure turbines and ORC turbines when compared to the commonly used radial

fibre design?



Chapter 3

Expander Design Methodology

The methodology used in this study consists of low-order modelling and 3D modelling.

The low-order model developed in this research is based on meanline modelling, widely

used for preliminary turbine design. The 3D model consisted of a 3D parametric model of

the nozzle and the rotor coupled with CFD software, also widely used in turbomachinery

flow analysis.

Both methodologies predict the turbine performance using operating conditions and

geometrical key parameters as main inputs to the solver. Meanline modelling has a

low computational cost and reduced number of geometrical inputs, but cannot predict

the effect of certain geometric changes related to the 3D geometry on the resulting

efficiency. The parametric-CFD based approach, however, is able to assess the impact

of 3D geometric features, such as non-radial blading, on the resulting efficiency, but it

comes at a higher computational cost. The structural analysis methodology for ETC

rotors is introduced in this chapter.

3.1 Meanline Modelling

The meanline approach consists of a set of physics-based equations to calculate the

thermodynamic properties and flow velocity at each turbine stage. Figure 3.1 shows

the components and stages of the meanline model, where each stage refers to:

86
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1. Volute inlet

2. Volute outlet and nozzle inlet

3. Nozzle outlet and interspace inlet

4. Interspace outlet and rotor inlet

5. Rotor outlet and diffuser inlet

6. Diffuser outlet

The subscripts of thermophysical properties and velocities in the meanline model refer to

the turbine stages introduced above. This study is focused on the rotor performance (4

and 6); hence the volute (1), interspace (3) and diffuser (7) are not considered. These

three components introduce an efficiency penalty in the whole turbine performance,

however, the main drivers of the efficiency are the nozzle and the rotor, since most of

the losses occur there.

1

Meanline

Volute

Nozzle
Interspace

Rotor

Difusser

2
3

46
7

Tip Clearance

Figure 3.1: Meanline turbine components and stages

3.1.1 Meanline Equations

Meanline equations ensure continuity, momentum and energy conservation across the

turbine domain. Mass conservation equation, 3.1, is applied at each station i, where

ṁ is the mass flow across the turbine, Aeff,i is the effective area, Ci is the absolute
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velocity, ρi is the density and B the blockage factor due to blade thickness, boundary

layer thickness and separation, among other effects.

ṁi = Aeff,i Ci ρi Bi (3.1)

The blockage factor value is found by calibrating the model against experimental or high

fidelity turbine performance data, being this a common practice in meanline modelling

approach [18]. The effective area is calculated according to Eq. 3.2, where Ai is the

geometric area of the flow path at the nozzle or rotor and αflow,i, βflow,i the flow angle

in the absolute and relative frame of reference, respectively.

Aeff,i = Ai cos (αflow,i or βflow,i) (3.2)

Euler’s equation is derived from momentum and energy conservation, and it is applied

across the rotor stage, shown in Eq. 3.3, where Ẇact is the actual power output,

subscripts 4 and 6 stand for the rotor inlet and outlet, respectively, U is the blade

rotational speed and Ct is the circumferential component of the absolute velocity.

Ẇact

ṁ
= U4 Ct4 − U6 Ct6 (3.3)

The turbine performance maps consist of mass flow rate and efficiency at each operating

point, which is defined by rotational speed, inlet temperature and pressure ratio.

The total-to-static efficiency, ηts, defined in Eq. 3.4, measures the ratio of actual power

recovered by the turbine, Ẇact, out of the isentropic power available, Ẇiso. Since power

is equal to specific enthalpy drop by mass flow, ηts can be simplified into the ratio of

actual total specific enthalpy drop, ∆h0,act, and isentropic specific enthalpy drop, ∆hiso.

At the same time, ∆hiso is equal to the sum of the actual enthalpy drop, the specific

enthalpy drop due to losses in the nozzle and rotor, ∆hloss, and the specific enthalpy

drop due to exit losses, ∆hexit.
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ηts =
Ẇact

Ẇiso

=
ṁ∆h0,act
ṁ∆hiso

=
∆h0,act

∆h0,act +∆hloss +∆hexit
(3.4)

CoolProp [97] database was used to calculate the thermophysical properties of the ORC

working fluid, R1233zd(E) [1], at each state. Although this increases the computational

time of the meanline algorithm, it is deemed to be essential to capture the non-ideal

effects of the organic fluid. For ETC expander, a perfect gas assumption was used to

model air as working fluid.

3.1.2 Loss Correlations

The loss correlations used in this study are semi-empirical equations that estimate the

pressure or enthalpy drop due to the different loss mechanisms across the turbine. These

consist of pressure losses across the nozzle (stage 4 in Fig. 3.1) and incidence, passage,

tip clearance, trailing edge, post-expansion losses across the rotor (stage 6 in Fig. 3.1).

While these correlations are based on physical models, they include coefficients that

require calibration against experimental or high-fidelity computational data.

Incidence loss modelling assumes that the kinetic energy resulting from the change in

direction of the relative circumferential velocity at the leading edge is converted into

internal energy. This increase in internal energy contributes to the entropy increase in

the flow. This formulation accounts for non-zero optimum incidence and it is used in

some of the most recent meanline models, as shown in Eq. 3.5 [64], where ∆hinc stands

for specific enthalpy incidence losses, Kinc is the incidence calibration coefficient, W4

and β4 are the velocity and the flow angle in the relative frame of reference at the rotor

inlet, respectively.

∆hinc = Kinc
1

2
W 2

4 sin2(β4 − βopt) (3.5)

The optimum relative flow angle, βopt, represents the flow angle for optimum incidence,

iopt, calculated using a semi-empirical correlation, Eq. 3.6, where βblade,4 is the metal

blade angle at the rotor leading edge. The optimum incidence angle, iopt, is the inci-
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dence angle that results in the highest efficiency and depends on the turbine design.

This work used a correlation derived from experimental results, as shown in Eq. 3.7

[18], where Nr is the number of rotor blades and α4 is the absolute flow angle at the

rotor inlet. Experimentally, the optimum incidence has shown to be between −20◦ and

−40◦ [18].

βopt = βblade,4 − iopt (3.6)

iopt = tan−1

(
−1.98 tan α4

Nr − 1.98

)
− βblade,4 (3.7)

The losses generated due to boundary layers and secondary flows across the passages

are denoted as passage losses. Low momentum fluid adhering to the surface of the

rotor blades and walls forms the boundary layers. The boundary layers are affected

by the pressure gradient, centrifugal, and Coriolis forces. As a result, secondary flows

originate from the low momentum boundary layers, develop and distort the main flow.

This results in increased entropy, and the corresponding loss is proportional to the main

flow kinetic energy. Equation 3.8 [64] shows the formulation chosen for these losses,

where ∆hp stands for specific enthalpy passage losses, Kp is the incidence calibration

coefficient and W6 is the velocity in the relative frame of reference at the rotor outlet,

∆hp = Kp
1

2
(W 2

4 sin2 (βblade,4 − β4) +W 2
6 ) (3.8)

The radial and axial clearance between the rotor and the shroud, known as tip clearance

(shown in Fig. 3.1) is a source of losses due to leakage and corresponding mixing. The

loss model used suggests that the tip clearance losses are proportional to the clearance-

to-blade height ratio, as shown in Eq. 3.9 [114], where ∆hcl represents specific enthalpy

drop due to tip clearance losses, ϵr is the tip clearance, Zr is the rotor length and Nr

is the number of rotor blades:
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∆hcl = Kcl
1

4

U3
4 ρ4 Zr Nr ϵr

ṁ
(3.9)

Trailing edge losses account for the losses generated from the rotor throat to the trail-

ing edge plane. Equation 3.10 [92] shows the expression for the trailing edge losses

calculation, ∆hte, where Nr corresponds to the number of rotor blades, r6s and r6h to

the rotor shroud and hub radius, respectively, β6 is the relative flow angle, W6s is the

relative velocity, γ6 is the adiabatic coefficient and Ma6r is the relative Mach number.

Subscript 6 refers to the rotor trailing edge, stage 6 in Fig. 3.1.

∆hte =

(
Nr t6

π (r6s + r6h) cos β6

)2 1

2
W 2

6s

(
1 +

n− 1

2
Ma26r

) n
1−n

(3.10)

The flow has a certain kinetic energy when leaving the rotor that is wasted unless a

diffuser is used. In those cases where there is not a diffuser, like in the present work,

exit losses, ∆he, are modelled as the kinetic energy at the rotor outlet, Eq. 3.11 where

C6 is the absolute velocity at the rotor exit:

∆he =
1

2
C2
6 (3.11)

Losses across the nozzle are simply modelled as pressure losses, as shown in Eq. 3.12

[92], where Kn is the pressure loss coefficient, P02 and P04 refers to total pressure at

the nozzle inlet and nozzle outlet, respectively, and P4 refers to static pressure at the

nozzle outlet.

Kn =
P02 − P04

P04 − P4
(3.12)

Finally, blockage factor coefficients Bi were applied to the continuity equation at each

station, Eq. 3.1 to account for the reduction of the effective area due to blade thickness

and boundary layer separations. Equation 3.1 shows how this coefficient is applied in

the meanline model.
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The equations and empirical correlations of the meanline model introduced above were

used to define an algorithm to predict the turbine performance in an automated way.

The performance algorithms were written in Python and their structure and resolution

are explained in the next section.

3.1.3 Code Structure

The structure of the algorithm is explained below, covering the inputs, main code and

subroutines, as well as the iterating parameters and convergence criteria used.

Among the meanline algorithm inputs are the operating conditions and geometric data

of the turbine. The operating conditions include temperature, pressure and mass flow

of the waste heat stream, as well as the pressure ratio fixed by the application and the

rotational speed. The geometrical data involve blade angles, radii of the nozzle and

the rotor, blade thickness, tip clearance and rotor length. Some of these geometrical

parameters are used as variables for the optimisation of the design, these are so-called

design geometrical inputs.

Other geometrical parameters were fixed for all designs to limit the number of design

parameters. Each turbine design is defined by 7 parameters, 6 related to the geometry

design; and 1 to the rotational speed. The summary of the operating conditions and

input parameters related to the geometry are shown in Table 3.1.

Once the geometry is fully defined, meanline equations can be applied to solve the ther-

modynamic and velocity characteristics across all stages of the turbine. The flowchart

describing the iterative method for the main algorithm can be found in Fig. 3.2. As

it can be seen in this flowchart, two different subroutines may apply depending on the

nozzle and rotor choke state defining 4 situations: both nozzle and rotor unchoked,

nozzle chokes first but the rotor is unchoked, both nozzle and rotor choked and rotor

chokes first. The routine defining the component that chokes first depends on the

location of the minimum effective throat area.

The main algorithm, shown in Fig. 3.2, consists of one overall loop over the density

at the nozzle inlet, ρ2, and two inner loops over the nozzle outlet (coincident with the
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Table 3.1: Operating conditions and input geometric parameters of the meanline per-
formance algorithm

Type Parameter Expression

Operating conditions

Inlet total temperature T02

Inlet total pressure P02

Pressure ratio PR

Rotational speed Nrpm

Design geometric inputs

Nozzle metal angle α4

Wheel radius r4

Blade height b4

Shroud exit radius to inlet radius ratio r6s
r4

Hub exit radius to inlet radius ratio r6h
r4

Rotor blade metal angle at exit β6

Other geometric inputs

Rotor length to inlet radius ratio Zr

r4

Nozzle inlet radius to rotor inlet radius ratio r2
r4

Tip clearance tc

Rotor trailing edge thickness t6

rotor inlet), iterating ρ4, and the rotor outlet, iterating ρ6. The density is iterated until

a residual value lower than 10−5 is achieved. The residual value for ρ2 is defined as

the error between in the input pressure ratio and the pressure ratio resultant from the

calculations (iterations), based on the initial guess of ρ2.

If a feasible solution is reached for the inner loops based on ρ4 and ρ6, the operation

of the turbine is subsonic, and both components are unchoked. When a solution is not

reached for ρ4, then the nozzle is considered as choked and the subroutine shown in Fig.

3.3 is applied. After choking of the nozzle, the conditions at inlet are kept constant,

ρ2, and mass flow is fixed to ṁchoke. In subsonic operation, the flow is assumed to

follow the nozzle vanes and rotor blades angle at the trailing edge, with no deviation,

δ4,6 = 0◦. However, after the choking point, deviation is assumed to increase allowing

post-expansion as if the passage had a convergent-divergent shape [18]. Therefore, the

parameter for iteration of the outer overall loop is the absolute flow angle at the trailing

edge of the nozzle, α4, defined as shown in Eq. 3.13.
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Figure 3.2: Performance algorithm

α4 = α4,nozzle − δ4 (3.13)

This effect consisting of the flow deflection due to post-expansion after the shock wave

is illustrated in Fig. 3.4. The flow angle at the trailing edge of both the nozzle and

rotor deviates from the blade angle due to the shock waves allowing for a supersonic

expansion.
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Figure 3.3: Nozzle choked algorithm subroutine

The algorithm in Fig. 3.3 decreases α4 from the subsonic value where deviation was

set to zero, δ4 = 0◦. This allows for a higher expansion ratio across the nozzle, until

the pressure ratio calculated matches the application pressure ratio.

Similarly, if there is no solution available for the inner loop based on ρ6, the rotor is

assumed to be choked and conditions upstream are fixed, as shown in Fig.3.5. If the

nozzle was already choked, that sets the absolute flow angle at the nozzle outlet fixed

to α4 = α4,choke. Otherwise, deviation at the outlet of the nozzle is assumed to zero,

and thus, the flow angle is equal to the metal angle, α4 = α4,nozzle and conditions at
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Figure 3.4: Flow deviation at the nozzle and rotor throat after shock waves in supersonic
flows [17, 18]

nozzle outlet are calculated with the ρ4 loop. The rotor choked subroutine increases β6

(towards 0◦), assuming that the flow deviates at the trailing edge from the metal angle

in Eq. 3.14, to allow for a higher expansion ratio across the rotor (Fig. 3.4), until both

the calculated and application pressure ratios matches.

β6 = β6,blade − δ6 (3.14)

For ρ4 and ρ6, the residual value is calculated as the error between the thermodynamic

losses, Ltherm, and the losses from empirical correlations, Lcorr, in the nozzle and rotor,

respectively, as described in Eq. 3.15. It has to be noted that thermodynamic losses,

Ltherm, are calculated as the difference between the static enthalpy, h and the isentropic

enthalpy, hs for the corresponding stage.

Residuals = Ltherm − Lcorr = h− hs − Lcorr (3.15)

The root of the residual function is then the solution for ρ4 and ρ6 at the nozzle outlet

and rotor outlet, respectively. The characteristic function is plotted in Fig. 3.6, showing

three different mathematical scenarios: two possible roots, one single root and no root.
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The red solid dot indicates the minimum value of the function. When the value of the

function at the minimum, resmin is negative, the characteristic function, which has

a parabolic behaviour, results in two roots. The right hand side root, represented by

purple solid dot, corresponds to the subsonic-unchoked solution. The left hand side root,

represented by solid green dot, corresponds to the supersonic solution, obtained using

the choke subroutines for the nozzle or rotor. If the unchoked subroutine is applied and

ρ2 is increased (or α4 if the nozzle is choked), the characteristic curve moves upwards,

as indicated by Fig. 3.6, until the minimum is coincident with the root, providing a

single solution. This corresponds to the choking point of the component.

<

Figure 3.6: Characteristic function for component calculation indicating different modes

The minimum of the function can be easily computed allowing a quick calculation of

the choking point of each component. The density at choking conditions can thus be

found, as well as the pressure ratio at which the component chokes. For any operating

conditions above the choking pressure ratio, the characteristic curve lays above the x-axis

with no solution available, indicating that the component is choked and the appropriate

supersonic subroutine is required to find the supersonic solution (green solid dot in Fig.

3.6).
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3.1.4 Calibration and Validation

While the main equations in meanline modelling are based on physical models, losses

are based on semi-empirical equations. Loss correlations have been validated in the lit-

erature against experimental results for a fix set of geometries, operating conditions and

working fluids. However, the loss coefficients need to be calibrated for each particular

application. The calibration requires the use of data from the literature, experimental

results from preliminary designs or high fidelity CFD data of similar operating conditions

and geometries to the actual application.

In this work, high fidelity CFD data is used for calibration of the meanline model.

The CFD data is obtained from a sampling of 3D geometries at design conditions.

The calibration algorithm consists of the prediction of the efficiency and mass flow of

each geometry using the meanline model and calculate the relative RMS (root mean

square) error between the meanline and CFD efficiency and mass flow. The sum of the

accumulated relative error in efficiency and mass flow for all designs is the objective

function to be minimised during calibration, as shown in Eq.3.16:

RRMSE =
∑ ηts,MEANLINE − ηts,CFD

ηts,CFD
+
∑ ṁMEANLINE − ṁCFD

ṁCFD
(3.16)

A differential evolutionary algorithm is used for the minimisation of the objective func-

tion by varying the loss coefficients within a certain range. Although calibrating against

CFD data have some limitations, the meanline model predicts accurately the trend in

performance, validating the low order model. Specific data of the calibration for ETC

and ORC is provided in the results chapters.

3.1.5 Meanline Design Optimisation

The meridional geometry, nozzle and rotor blade angles, and rotational speed are opti-

mised using the meanline modelling approach. In this case, the design operating point

is defined by the inlet temperature, mass flow and pressure ratio of the ORC or ETC
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systems. These come from the waste heat stream conditions identified on the real off-

shore platform for the implementation of waste heat recovery technologies, as discussed

in Chapter 1. The design conditions are summarised in Table 3.2:

Table 3.2: Design operating conditions for ETC and ORC expanders

Parameter ETC ORC

Inlet temperature, T01[K] 743 523

Pressure ratio, PR[−] 1.2 9

Mass flow ṁ, [kg/s] 0.1 0.833

The total-to-static efficiency at design operating point is the main output of the per-

formance algorithm, as shown in Fig. 3.2 and it is set as objective function for the

optimisation. Moreover, mass flow is also an output parameter of the performance

algorithm and it does not necessarily need to be the same as the mass flow at de-

sign conditions fixed by the application, ṁdesign. In order to match the design mass

flow during the optimisation process, a constraint in the mass flow was added. The

relative error between the predicted mass flow by the performance algorithm and the

design mass flow was set to be below 1%. By doing so, designs that did not meet the

constraint were discarded.

The objective function is evaluated for each set of parameters defining the turbine ge-

ometry and the rotational speed, as summarised above in Table 3.1. The geometric

parameters are varied according to a single objective optimisation algorithm for maxi-

mum efficiency meeting the constraint. Once the optimisation algorithm converges, the

output of the process is the optimum set of geometrical parameters, performance and

error between the design mass flow and the mass flow predicted by meanline, which

is expected to be less than 1%. Figure 3.7 shows a flow diagram summarising the

optimisation process.

The optimisation maximises efficiency while keeping the mass flow deviation to a min-

imum, however, the extra calculations to apply the mass flow constrain increases the

computational time. A simplification of the process is possible when the nozzle is

designed to be choked:
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Figure 3.7: Meanline optimisation flow diagram

• Nozzle choking condition fixes mass flow and upstream conditions. In this case,

the effective area at nozzle outlet can be calculated only from the inlet conditions

under the premise that the nozzle is choked.

• The blade height at the nozzle outlet and rotor inlet is calculated according to

Eq. 3.17, instead of being specified:

b4 =
A4,eff

2 π r4 cos(α4, nozzle)
(3.17)



102 Chapter 3. Expander Design Methodology

Subsequently, the choked nozzle subroutine is applied to calculate the efficiency. This

function is evaluated for several turbine geometries until the optimum solution is achieved.

Choking is likely to happen in ORC turbine designs, where the pressure ratio is suffi-

ciently high to keep the nozzle choked during normal operation at design conditions

(PR = 9 in the ORC application under study). The process is summarised in the flow

diagram of Fig. 3.8.
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Calculate b4
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f =−𝜂𝑡𝑠 minimum?
NO

YES

START

STOP

Figure 3.8: Meanline optimisation flow diagram for choked nozzle
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Since this is a complex problem with non-linear equations and many variables, a non-

gradient based differential evolutionary algorithm was chosen in order to increase the

possibility of finding the global minimum of the objective function in a wide design

space [115].

The fact that this type of algorithm is non-gradient based means that it does not

require the objective function to be differentiable. This meta-heuristic optimisation

method builds a population of candidates and by mutation, recombination and selection,

the method is able to find the optimum of the objective function based on vector

differentiation.

The number of control parameters is reduced to the population size, the number of

generations, the differential weight and the crossover rate. These parameters are kept

constant during the whole optimisation process:

• Population size, NP: number of designs in each generation. It is particularly

important for the first population, which is usually created randomly, trying to

cover as much design space as possible. The design space is usually defined by

the boundaries of the variables of the objective function. A typical setting for

the population size is usually ten times the dimension of the problem (number of

variables on the objective function).

• Number of generations, G: number of generations over which the entire population

is evolved following the whole process of mutation, recombination and selection

of the best candidates.

• Differential weight, F: probability that mutation occurs. Mutation ensures design

diversity since the ’child’ design will not get the characteristics of the ’parents’ de-

sign exclusively, but also these characteristics will mute to some extent. Mutation

prevents the algorithm to fall onto local minima.

• Crossover rate, CR: probability that recombination occurs. Recombination or

crossover consists of taking the features of more than one ’parent’ design onto

a ’child’ design of the next generation. By combining characteristics of the best
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designs of one generation it is more likely the algorithm finds the optimum design

in the next generation.

The selection of these parameters is important for convergence, computational time,

and even the quality of the optimum solution. Guidance on the selection of these

parameters was followed according to the literature [115]. In addition, a tolerance

parameter was set to define the stopping condition. The stopping condition is actually

that all the individuals (parameter sets) have approximately the same objective function

value. Then, the parameter set giving the lowest function value is returned as a solution.

3.2 Parametric CFD-based Modelling

The 3D parametric model of the turbine was developed in CAESES, a software for

parametric CAE and integration platform that allows automated evaluation of designs

in CFD [116]. The following subsections describe the main features of the definition of

the full turbine geometry for all the turbine designs considered in this study.

3.2.1 3D Geometry Definition

The 3D geometry of the nozzle vanes and rotor blades are based on the parametrisation

of the meridional profile, camberline and blade thickness distribution. Some parameters

defining the geometry are also modelled by the meanline methodology, while others

have exclusively a 3D effect and cannot be modelled in meanline or other low fidelity

approaches in the literature. For the ETC, the number of nozzle vanes and rotor blades

was fixed to 19 and 11; while the ORC number of nozzle vanes was set to 13 and the

blade number to 11. The selection of number of blades and vanes was made based on

the flow field analysis from CFD, ensuring enough guidance to prevent separation while

minimising friction losses.
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Nozzle Definition

The nozzle meridional geometry was set in the radial direction and constant blade

height, matching the rotor inlet blade height, b4, as shown in Fig. 3.1. Two lines were

set as hub and shroud contours defined by the blade height and nozzle inlet and outlet

radius, as shown in Fig. 3.9.
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Figure 3.9: 3D parametrisation of the meridional profile of the nozzle
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Figure 3.10: 3D parametrisation of the nozzle camberline

The nozzle metal angle, αnozzle was used for vane camberline definition, which was set
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to be the same at nozzle inlet and outlet, α2,nozzle = α4,nozzle. Figure 3.10 shows an

axial section of the nozzle where the camberline is highlighted in red. The nozzle angles

are defined as the angles of the camberline with the radial direction.

Radial Fibre Blading

The rotor meridional curves are quadratic Bezier polynomials defined at the hub and

shroud. Figure 3.11 shows the meridional contour definition with the relevant parame-

ters. Their definition consists of the two end points based on inlet and outlet radii and

axial position. The third point of the polynomial was set by the cone angles, ψ of the

hub and shroud curves at the two ends.
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Figure 3.11: 3D parametrisation of the meridional profile of the rotor

The cone angle is defined as the angle between the hub, shroud or any streamline

projected onto the meridional plane, and the z-axis at any point [18], as shown in Eq.

3.18. In this study the cone angle is a parameter exclusively used in 3D geometry and

its effect on the performance of the turbine is not predicted using meanline approach.

For the same radii and blade height, different meridional profiles can be created by

varying the cone angle. The effect of this variation in efficiency can only be measured

using CFD.
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cosψ =
dz√

dr2 + dz2
(3.18)

The design of the rotor blades for the ETC baseline and ORC application was set to

radial fibre. This means that the section of the blade in each axial plane is aligned

radially with the axis of rotation. Figure 3.12 shows the section of a radial fibre rotor

at different axial locations.

(a) z = 3mm (b) z = 13mm

(c) z = 23mm (d) z = 33mm

Figure 3.12: Sections of a radial fibre rotor at different axial locations

The rotor camberline is defined by the wrap angle, θ, at a reference radius and the

axial position. Since the rotor is radial fibre, a single camberline defines the blade shape
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entirely. The curve consists of a quadratic Bezier polynomial, the two ends are defined

by the leading edge and trailing edge wrap angle, θ, while the inner point is set by

tangential angles at the both edges, as shown in Fig. 3.13

The relation of blade angle, βblade, camber angle, ϕ and cone angle, ψ at any point of

the blade is shown in Eq. 3.19 [18]. The tangent of the camber angle is defined as the

derivative of the camberline, dθ
dz .

tan βblade = tan ϕ cos ψ =
r

rref

dθ

dz
cos ψ (3.19)

Therefore, the blade angle at the inlet was set to zero, βblade,4 = 0◦, since the camber

angle was set to zero too, ϕ4 = 0◦. The blade angle at the trailing edge, β6,blade, was

determined by the cone and camber angles. In case of a cone angle equal to zero at the

trailing edge of the blade, ϕ6 = 0◦, the blade angle and the camber angle are assumed

equivalent, as indicated in Eq. 3.20:

tan βblade,6 = tan ϕ6 =
r

rref

dθ

dz 6
(3.20)

The rotor blade was built by taking the radial fibre at each axial location turning them

the corresponding wrap angle, θ, indicated by the camberline. Figure 3.14 shows a

different view of the axial sections of the rotor indicating the radial fibre and the wrap

angle.

Axial Direc�on, z

l

W
ra

p
 A

n
gl

e,
 θ Camberline

tan−1
𝑑𝜃

𝑑𝑧

Figure 3.13: 3D parametrisation of the camberline of the radial fibre rotor
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Figure 3.14: Radial fibre and wrap angle of the rotor at two axial locations

In the rotor section at low z shown in Fig. 3.14 (a), the radial fibre can be identified

very clearly as the thick black line. The fibre, which is aligned with the axis of rotation,

has an upper end, which lays on the leading edge of the blade and a lower end, which

corresponds to the hub point.

When the axial location, z, increases beyond the blade height, b4, the upper end of
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the radial fibre shown in Fig. 3.14 (b) corresponds to the shroud point. The blade of

radial fibre designs was built based on the fibres at each axial location, from z = 0 to

z = Zr. For the parametrisation of non-radial fibre blades, extra parameters have to be

introduced to define the blade geometry. Non-radial fibre parametrisation is explained

in the next section.

Non-radial Fibre Blading

Departing from the radial fibre constraint introduces additional degrees of freedom in the

design process, allowing the possibility of varying camberline and blade angle distribution

along the span. However, non-radial fibre blading can lead to high centrifugal stresses

in the blade, specially at the blade root. Therefore, only applications in which the

rotational speed is sufficiently low are structurally safe when introducing non-radial

fibre blading. In this study, non-radial fibre designs were only explored for the ETC

application since the optimal rotational speed is low. The results are discussed in the

next chapter.

The design flexibility allowed by the non-radial fibre design introduces more variables in

the parametrisation of the blade geometry. Figure 3.15 shows the overlapping sections

of a radial rotor a the non-radial fibre modification at the same axial location. The

non-radial fibre rotor is built from the radial fibre rotor, so the modifications introduced

corresponds to blade fibres. The parametrisation of the non-radial fibre is also shown

in the figure and consisted of 3 steps, highlighted in black, blue and red in the figure.

Each of the parametrisation steps is described as follows:

1. A radial fibre (black) was built according to the wrap angle, θ, distribution for

that axial location.

2. The radial fibre was transformed by changing its angular position according to the

lean angle, ν, with the hub location of the radial fibre as centre of the transfor-

mation. This leaned, straight fibre (blue) is non-radially arranged, therefore the

lower end of the fibre is not coincident with the axis of rotation anymore. When

ν = 0◦ the leaned fibre is coincident with the radial fibre.
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3. The non-radial fibre (red) was built as a quadratic Bezier polynomial with the

upper end and the lower end of the leaned straight fibre as outer nodes. The

inner node was set by the tangential angles at the ends of the bspline, named

as γlower and γupper. These two angles were defined as the angle between the

tangential line and the leaned straight fibre. This means a non-radial fibre with

tangential angles set to zero, γlower = γupper = 0◦ corresponds to the leaned

straight fibre itself.

Radial fibre

ν: Lean angle

γupper 

γlower 

θ: Wrap angle

Axis of rota�on of the turbine

Non-radial blade

Radial blade

Leaned straight fibreNon-radial fibre (Bezier)

Centre for blade 

leaning: hub point 

for the radial fibre

Hub point 

for the 

non-radial 
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1 2

3 Upper point for the 

non-radial fibre

Figure 3.15: Non-radial fibre blading parametrisation showing the radial fibre (black),
the leaned straight fibre (blue) and the non-radial fibre (red) on top of overlapping
sections of the radial and non-radial rotors

The number of parameters required to build the non-radial fibre of the blade located

at a certain axial position, z is four: the wrap angle, θ, the lean angle, ν, and the

two tangential angles of the non-radial fibre, γlower and γupper. Consequently, the

distribution of each of the four parameters with the axial location, z, needs to be

defined to build the full blade, all the fibres from z = 0 to z = Zr.

Any distribution could be used to define non-radial blades to different levels of com-
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plexity, but, for simplicity, the following distributions were applied. The wrap angle

distribution with the axial position is defined by the camberline, as shown in Fig. 3.13.

The distribution of ν and γlower is shown in Fig. 3.16. A quadratic distribution was

specified for ν, where the lean angle at the leading edge was set to zero, νLE = 0,

and νTE was set as a variable, as shown in Fig. 3.16(a). A linear distribution was

specified for γlower, which both γlower,LE and γlower,TE set as variables, as shown in

Fig. 3.16(b). The distribution of, γupper was parametrised as a horizontal line when

z < b4 (effectively keeping the value of γupper constant at the first part of the rotor)

and as a straight line when z > b4, shown in Fig. 3.16(c).

The reason for setting a constant γupper,LE is that the upper end of the blade fibre

(radial or non-radial) corresponds to the leading edge when the axial location is lower

than the blade height, z < b4, as shown above in Fig. 3.14 (a). The blade angle at the

leading edge, βblade,4, is the angle between the tangential direction of the blade at the

leading edge (upper point of fibre when z < b4) and the radial direction at the same

point. In the radial fibre configuration, the blade angle at the leading edge, βblade,4 is

set to zero, the leading edge of the blade is aligned with the radial direction. However,

the non-radial fibre is allowed to have a non-zero βblade,4. At the leading edge of the

non-radial fibre, ν ≈ 0 when z < b4, as shown in Fig. 3.16(a). This means that the

radial fibre and the leaned fibre are almost coincident, therefore the upper point of the

non-radial fibre is aligned with the radial direction. As a result, the blade angle at the

leading edge, βblade,4 can be approximated to γupper at the leading edge.

To prove that βblade,4 can be approximated to γupper at the leading edge, the relation

between the different angles involved in the non-radial fibre definition is explained in

Fig. 3.17. In addition to the angles already defined: wrap angle, θ (black), the lean

angle, ν (blue) and the tangential angles of the radial fibre at the lower and upper ends,

γlower and γupper (red), θ′upper angle is defined in grey. θ′upper is the angle between the

tangent of the non-radial fibre at the upper end (red line) and the radial direction at

the upper end of the non-radial fibre (grey line). It is calculated as the arc tangent of

the x coordinate of the upper end of the non-radial fibre (coincident with the upper end
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Figure 3.16: Distribution of: (a) lean angle, ν, (b) tangential angle of the non-radial
fibre at the lower end with the leaned straight fibre, γlower and (c) tangential angle of
the non-radial fibre at the upper end with the leaned straight fibre, γupper, which can
be expressed as a function of the inlet blade angle, βblade,4 when z > b4

of the leaned straight fibre), xupper divided by its y-coordinate, yupper (Eq. 3.21):

θ′upper = tan−1xupper
yupper

(3.21)
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Figure 3.17: Blade inlet angle, βblade,4, parametrisation showing the relation with the
other angles, the wrap angle, θ, the lean angle, ν and the circumferential angle of the
shroud of the non-radial fibre with the horizontal, θ′upper, for a section at z < b4

On the upper right corner of Fig. 3.17 all the angles are superimposed forming a

90◦ sector. The blade angle at the leading edge, βblade,4 (in green) is shown as the

combination of these angles. By construction, the blade inlet angle, βblade,4 can be

expressed as Eq. 3.22 shows:

βblade,4 = θ′upper − (90◦ − θ − ν − γupper) (3.22)

At the leading edge when z < b4, θ ≈ 0◦ and ν ≈ 0◦, which means that the radial fibre

and the lean fibre are aligned, therefore θ′upper ≈ 0◦. As a result, βblade,4 ≈ γupper. This

parametrisation gives full control of βblade,4 of the non-radial fibre blade and therefore
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on the incidence angle which has a big effect on losses across the rotor and overall

efficiency.

(a) z = 3mm (b) z = 13mm

(c) z = 23mm (d) z = 33mm

Figure 3.18: Sections of a non-radial fibre rotor at different axial locations

As a result of the application of the presented parametrisation method, a non-radial

fibre rotor is build. Figure 3.18 shows the section of the non-radial fibre blades at

different axial planes. When comparing with the radial fibre rotor in Fig. 3.12, this

blades are clearly non-radial, particularly at the low z, as shown in Fig. 3.18 (a) and

(b). Then the blade becomes straight, but leaned, (c), and finally recovers the radial

alignment at the trailing edge, shown in (d). This results in different camberlines at

different span locations (hub, midspan and shroud) for a non-radial fibre blade, whereas
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the radial fibre blade is defined by a single camberline.

3.2.2 Other 3D Design Considerations

Nozzle and rotor blade thicknesses were defined by polynomials at leading edge, middle

section and trailing edge thicknesses. The thickness distribution for both the nozzle

and the rotor was kept constant in every design. The rotor tip clearance was set to

ϵr = 0.5mm for all ETC geometries and ϵr = 0.3mm for all ORC geometries. In this

way the 3D geometry of the nozzle vane and rotor blade is completely defined. Flow

domains were then created from the geometries and exported to external software for

CFD simulation.

The parametrisation explained in this section is used for the generation of the nozzle and

rotor full 3D geometries. A detailed evaluation of the performance of the geometries

was carried out using numerical simulations. The next section presents the specifics of

the CFD evaluation.

3.2.3 CFD Setup

Single passage nozzle and rotor simulations were set to run the geometry optimisation.

Double passage simulations were preferred for detailed flow analysis of the selected

designs. ANSYS CFX 19.4v was the CFD software used for meshing, solver and data

post-processing, integrated in CAESES platform.

The flow domain for the nozzle and rotor consisted of extended hub and shroud contours

(2 times the wheel diameter for the exit pipe) and blade curves, as shown in Fig. 3.19.

The curves and contours were imported to TurboGrid to build the structured mesh.

A grid convergence study was carried out to ensure mesh-independent results and

enough boundary layer resolution for y+. Table 3.3 summarises the number of elements,

first element offset and y+ in each component for both ETC and ORC simulations.

To achieve grid independent results two parameters of the mesh were varied, the number

of elements and the first element offset. First, the number of elements was increased
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Figure 3.19: CFD domain

while keeping the first element offset constant. After the first element offset was reduced

while keeping the element number fixed to the value that provided grid-independent

results from the previous step. Figure 3.20 shows an example of the convergence of

total-to-static efficiency with the number of elements at the rotor and outlet passage

(a) and first element offset (b) for the ETC single passage simulations. This process

was repeated for the nozzle for the ETC and ORC turbines.

The CFD simulations were set to steady state and the turbulence model used was k−ϵ.

The change of frame of reference between the nozzle-rotor and rotor-outlet interfaces

was set to mixing plane, based on the circumferential averaging of the flow field. While

this coupling approach has some limitations regarding local flow interactions, it is rep-

resentative of a nozzled turbine, which provides a highly uniform flow at the nozzle

outlet.

Total temperature and pressure were imposed at the nozzle inlet and static pressure was

set at the outlet boundary of the exit pipe, placed at 2 wheel diameter length of the

rotor trailing edge. Periodic interfaces were set at lateral boundaries of the nozzle, rotor

and exit pipe domains. Figure 3.19 shows a picture of the CFD domain highlighting

the components and main boundaries.



118 Chapter 3. Expander Design Methodology

Table 3.3: Mesh details after mesh sensitivity study for ETC and ORC single passage
simulations

Parameter ETC ORC

Component Nozzle Rotor + Outlet Nozzle Rotor + Outlet

Element number 50k 170k 70k 160k

First element offset 0.075mm 0.075mm 0.075mm 0.075mm

y+ave blade surface 30 33 32 39

y+ave shroud surface 30 50 32 81

y+max blade surface 36 67 44 130

y+max shroud surface 36 106 44 280

Peng-Robinson equation of state was used to calculate the thermopyshical properties of

the working fluid, R1233zd(E), for ORC simulations, whereas the ideal gas assumption

was preferred for ETC simulations with air. The standard deviation of the calculated

total-to-static efficiency over 20 iterations was set to ση,20it = 0.001pp, meaning that

the efficiency computed by CFD was ηts,CFD ± 0.002pp with a 95% confidence. This

convergence criteria ensures geometries can be compared based on small efficiency

difference.

Full stage simulations were carried out to compare the efficiency and flow features with

those obtained with single passage simulations. Same trends were found in efficiency

and flow features at the rotor passage in the single stage simulation were representative

enough of the flow features found in the full simulation, for ORC and ETC simulations.

Results of the full rotor evaluation are discussed in the corresponding chapters 5 and 4

Frozen rotor was set as change of frame of reference model in the full stage simulations.

3.2.4 Geometry Sampling for Meanline Calibration and Optimisation

CAESES provides an integration platform for automated geometry design and CFD

computations with optimisation algorithms. Figure 3.21 shows a screenshot of the

software integration platform provided by CAESES, where different files can be added

to call external software, mesh the geometries, pre and post-process the simulations



3.2. Parametric CFD-based Modelling 119

0.774

0.776

0.778

0.780

0.782

75,000 175,000 275,000 375,000 475,000

To
ta

l-
to

-s
ta
�

c 
effi

ci
en

cy
 [

-]

Number of Elements

170,000 elements enough for 
mesh independent results

(a)

0.075 mm first element offset 
ensuring mesh independent 
results

0.777

0.780

0.783

0.786

0.789

0.792

0 0.05 0.1 0.15 0.2To
ta

l-
to

-s
ta
�

c 
effi

ci
en

cy
 [

-]

First Element Offset [mm]

(b)

Figure 3.20: Total-to-static efficiency as function of number of elements at the rotor
and outlet passage (a) and first element offset (b) for ETC simulations as part of the
mesh sensitivity study

and extract the results.

Latin Hypercube Sampling, LHS, was used to get a near-random set of geometry evalu-

ations based on the meridional profile, nozzle and blade angles and rotational speed for

the ETC and ORC cases. This statistical method explores the design space determined

by the range of the parameters in a near-random way ensuring that the sampling is a set

of data representative enough of the whole design space [117]. The results were used

for the calibration of the meanline model loss coefficients using the calibration routine

explained in the previous section. Geometric data of the designs generated by the LHS,

as well as the efficiency and mass flow obtained in the CFD evaluation were used to

find the values of the loss coefficient which minimise the error between meanline and

CFD.
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Figure 3.21: Integration platform in CAESES

Figure 3.22 shows an example of the sampling and optimsation interface in CAESES.

The screenshot shows the sampling of 15 geometries using LHS with αnozzle,4 as designs

variable and efficiency, mass flow parameters and power output as objective functions.

During the sampling, these objectives are set to ”observers”, which means the param-

eters are only monitored, while during an optimisation they could be set to ”min” or

”max”, depending on what the objective is.

Rotor design optimisations based on the parametric model coupled with CFD were car-

ried out using non-gradient based algorithms allowing for global optimisation available

in CAESES software. Genetic algorithms or differential evolution (used for in meanline

optimisation, as explained above) are, to some extent, inefficient algorithms for opti-

misation, since they take a large number of evaluation functions to converge into an

optimum solution.

The parametric optimisation described in this study involves CFD calculations, which

implies a high computational cost compared to other methods. Therefore, a global

optimisation on a response surface was chosen as optimisation strategy for the CFD-

parametric model.

A response surface is a statistical model built based on the relationship between the
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Figure 3.22: Example of the sampling and optimisation interface in CAESES

variables and the objective function [118]. In this method, a genetic algorithm is con-

ducted on a response surface that is iteratively build-up. For the initial response surface,

the LHS carried out for the meanline calibration can be used. The best designs of each

generation are evaluated and added to the response surface. This updates and improves

the response surface in each iteration. With this approach, the algorithm aims to reduce

the number of computationally costly evaluations. A similar stopping condition to the

meanline optimisation was followed, based on a tolerance value.

Two optimisations based on the parametric model coupled with CFD were carried out

for both ORC and ETC using a differential evolution algorithm. Different parameters

were optimised in each stage, but the total-to-static efficiency was the objective function

in both applications:

1. Optimisation of the meridional profile, nozzle and rotor blade angles and rotational

speed for ORC and ETC. This can be compared to the optimisation of the turbine

geometry using the meanline code.

2. Optimisation of the 3D geometry features on the blade shape from the best

meridional configuration optimised in the previous step. In ORC, the hub and
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shroud contour shapes defined by the cone angles at leading and trailing edge

were optimised. For the ETC application, the parameters optimised in this stage

were those related to the non-radial fibre blade definition.

The set up for numerical simulations explained above allows the prediction of the per-

formance of turbine designs and provides detailed information on the flow field. This

helps understanding the impact of geometry modifications on the performance of the

turbine and the physics behind.

3.3 FEA Numerical Simulations

Static Structural package from ANSYS was used for the structural calculations of the

rotor for ETC applications to ensure that non-radial fibre blades were structurally safe.

In ORC applications the rotor designs explored were only radial fibre, therefore there

was no concern for their structural integrity and no stress analysis was carried out for

these rotors.

The FEA model consists of the full rotor with some holes on the front face of the rotor

that simulate the rigid attachment of the rotor to the shaft, as shown in Fig. 3.23. An

unstructured tetrahedral mesh was built for the rotor. A mesh sensitivity analysis carried

out considering the equivalent stress and deformation of the rotor showed that there

selected nodes number to ensure the results were grid independent. The selected mesh

size was 712k nodes. The size of the elements was set to 1mm and mesh refinement

was set to a minimum size of 0.25 mm at the blade fillets.

Second-order elements were used for the simulations. Fixed supports limiting all degrees

of freedom were set as boundary conditions at the screw holes of the rotor front face

as indicated in Fig. 3.23. Alternative supports were tested to ensure the results did not

depend on the specific support chosen and that stresses artificially computed next to

the supports would not affect the resulting stress distribution on the rotor blades.

The material chosen was Al7075 T76 an aluminum alloy with zinc, magnesium, and

copper among other metals. This alloy has high strength and it is widely used in aircraft
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Figure 3.23: FEA domain and mesh

structural parts. Since the experimental campaign is carried out at low temperature

conditions, this material can be used. Table 3.4 summarises the main mechanical

properties of Al7075 T76:

Table 3.4: Al7075 T76 mechanical properties

Property Value

Density [gcm−3] 3.0

Yield strength [MPa] 480

Ultimate yield strength [MPa] 560

Young’s modulus [GPa] 70

Poisson’s ratio [-] 0.32

Coefficient of thermal expansion [K−1] 2.36E-05

However, for the real application, where the temperature can be as high as 470◦, alu-

minum alloys are not suitable since their strength drops significantly with temperature.

Instead, a nickel-based super-alloy, Inconel 718, widely used in turbomachinery applica-

tions will be used. The yield strength of Inconel 718 is substantially higher than Al7075

T76 even at high temperatures, therefore structural calculations were not carried out

with Inconel as the rotor material.

The most extreme conditions that could be achieved experimentally were chosen as
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boundary conditions in order to ensure the structural integrity of the designs during op-

eration, the rotational speed was set to 50, 000rpm and the body temperature was set

to 40◦. The centrifugal load was set by the rotational speed. The pressure distribution

on the rotor surface was loaded from the CFD results. The equivalent stress, maxi-

mum principal stress and displacement in the different directions were computed and

compared to the material yield strength and with the design tolerances for displacement.

Designs that did not meet the stress and displacement requirements were discarded

to ensure that the final optimised geometries are structurally safe for the considered

application.

3.4 Experimental Methodology

The experimental data of this study was obtained only for electric turbo-compounding

(ETC) turbines. This was done using the turbine test facility at Imperial College London.

A detailed description of this experimental facility can be found in the literature [119],

but general information about the experimental set up is explained in the forthcoming

section. Moreover, the equations to calculate the turbine performance as well as the

related uncertainty can be fond in the next sections.

3.4.1 Experimental Facilities

This experimental facility has been used to collect a large amount of performance data

of radial turbines under steady and pulsating conditions [79, 105, 120]. The main

feature of the test rig is the eddy-current dynamometer used as a loading device. The

torque generated by the turbine is measured directly by a load cell. The experiments

were performed under cold flow conditions. Therefore, heat losses to the environment

are negligible, and the expansion process across the turbine is assumed to be adiabatic.

The layout of the test rig is shown in Fig. 3.24. Air is supplied by 3 screw compressors

centrally housed. The working pressure is set to 4 bar and the maximum mass flow rate

is 1.2 kg/s. The air flow enters the laboratory through a 4 inch pipe and pass through
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the heater. The 72kW heater warms the air flow up to 30 - 50 ◦C at the turbine inlet.

The purpose of the heating stage is to avoid condensation at the outlet of the turbine,

after the expansion.

After the heater, the flow goes trough the 4 inch main valve and the 1 inch secondary,

bypass valve in parallel. Both are electrical actuated ball valves, which are used to

regulate the mass flow trough the turbine during experiments. The flow is then divided

in two limbs to allow testing of double entry turbines. Each of the limbs have control

valves that were kept fully opened during the testing to ensure identical conditions in

both limbs. The mass flow through each limb is measured with V-cones differential

pressure type flow meters.

Expander
Eddy-Current 

Dinamometer

Conversion 

Duct

Measurement 

Plane

Guillo�ne 

Safety Valves

V-cone Heater

Air Compressor 

System

Main Valve

Secondary 
Valve

Limb 1

Limb Control 
Valves

Limb 2

Figure 3.24: Turbine experimental facility at ICL - Platform layout

Guillotine safety valves are placed downstream in each limb to protect the rig. If any

of the operating parameters of the rig goes off limit the spring loaded cut-off valves are

activated interrupting the flow immediately. Pressure and temperature measurements
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are taken at the measurement plane, just before the flow goes through the conversion

duct. The conversion duct adapts the pipes of the two limbs to the inlet cross section

of the volute. Since the turbines tested in this study are single entry, the conversion

duct join the two limbs into a single duct. The air then flows through the volute, scroll,

rotor and outlet pipe. An additional static pressure measurement is taken at the exit

of the outlet pipe and the air is then released to the atmosphere.

The rotor is connected to the high speed eddy-current dynamometer which sets the

load of the turbine. The maximum speed is 60krpm and the maximum load is 60kW.

The load is the result of the magnetic forces induced by the eddy currents generated

in the two metallic stator plates and due to rotation of the magnetic rotor. The stator

plates can be placed closer or further apart from the magnetic rotor setting higher or

lower load to the turbine. Figure 3.25 shows the stator plates and magnetic rotor of

the eddy-current dynamometer with the wheel assembled on the other end of the shaft.

Stator plates

Sha� Rotor

Magne�c rotor

Figure 3.25: Eddy-current dynanometer stator plates and magnetic rotor on the shaft
with the turbine wheel

The whole eddy current dynamometer is mounted on a gimbal bearing system including

the bearings of the shaft. This allows the direct measurement of the turbine torque as

the reaction force against a load cell. The measurement includes the bearing losses,

therefore the true aerodynamic performance of the turbine can be obtained.

Vibrations are monitored during the rig operation by a velomiter attached onto the
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casing of the eddy-current dynamometer. Excessive vibrations due to an unbalanced

rotor-shaft assembly could result on a rig failure, therefore, the rig should operate

below a certain vibration threshold [105, 119]. Balancing of the turbine wheel, shaft

and magnetic rotor assembly is done before testing. The balancing is carried out at

medium speed, around 2,500 rpm adding weights on the turbine wheel and magnetic

rotor side. Figure 3.26 shows a real image of the rig highlighting some of the components

mentioned above.

Oil and air piping
Pulse generator

Thermocouples

Conver�ng ductGuillo�ne valve
Exit duct

Volute

Speed sensor connector

Gimbal structure

Figure 3.26: Turbine rig set up

Auxiliaries consisting of a water loop, oil loop and air supply allow the correct operation

of the rig and prevents failure of the materials. Water cooling is available for the

dissipation of the heat released by the stator plates due to the current induced by the

magnetic field. A small pump feeds oil to the bearing systems and air is supplied at

high pressure to prevent oil leakage from the bearings.

3.4.2 Experimental Performance Calculation

The temperature, pressure, mass flow, torque and rotational speed measurements taken

at different locations of the rig are the essential magnitudes that allow the calculation

of the performance of the turbine. A brief summary of the measuring devices can be

found below, but the reader is referred to previous literature on the rig for more detailed
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information and specification sheets of each device [105]

Temperature measurements are taken with T-type thermocouples. The acquired tem-

perature of the flow, Ta, is somewhat between the stagnation, T0, and static tempera-

ture, T . They are related through the recovery coefficient,r, as shown in Eq. 3.23:

Ta = T + r(T0 − T ) (3.23)

The static and stagnation temperature for an ideal gas are related through the Mach

number, M , indicated in Eq. 3.24. After an iterative process, the static and stagnation

temperature of the flow can be obtained.

T

T0
= 1 +

γ − 1

2
M2 (3.24)

Static pressure is measured with 24 channel Scanivalve system. Two high accuracy

strain gauge pressure sensors are used, a Druck PDCR 22 for low pressure measurements

(< 350mbar) and a Druck PDCR 23D for higher pressures (< 3.5bar).

Mass flow is measured with McCrometer v-cone flow meter, based on differential pres-

sure. The differential pressure is measured by Siemens Sitrans P DSIII differential pres-

sure transducer and the Scanivalve measured the absolute pressure. The temperature is

measured by an E-type thermocouple. The differential pressure, absolute pressure and

temperature was used to calculate the mass flow according to Eq. 3.25:

ṁ =
√
ρFaCdk1Y

√
∆P (3.25)

Where ρ is the density, ∆P is the differential pressure, and Fa, Cd, k1, Y are the material

thermal expansion, the discharge coefficient, the flow coefficient and the gas expansion

factor, respectively. These factors are related to the mass flow meter and the flow

conditions.

Torque is measured as the reaction force of the dynamometer on the gimballed system
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with an Interface miniature beam load cell transducer and the known arm length of

the position of the load cell. The load cell transducer has a linear response between

the voltage and the force and it is calibrated before experimental tests. The calibration

consists of hanging 4 weights of known mass at 250 mm of the axis and correlating the

force with the registered voltage.

Speed measurement is taken with an optical speed sensor, Omron EE-SX4101 type

infra-red transmissive optical switch with an integrated amplifier. The optical signal is

interrupted every time one of the 20 teeth of the encoder located at the shaft of the

turbine passes between the sensor. 20 of the pulses created by this signal interruption

correspond to one revolution.

Total-to-static efficiency is then calculated with the magnitudes measured as the ratio

between the actual power and the isentropic power, as shown in Eq. 3.26. The actual

power of the turbine is derived from the torque, τ , and rotational speed in revolutions per

second, ns. The isentropic power is calculated from the mass flow, ṁ, inlet temperature,

T01 pressure ratio, PR and specific heat at constant pressure, Cp:

ηts =
Ẇact

Ẇisen

=
τns

ṁCpT01

(
1− PR

γ−1
γ

) (3.26)

3.4.3 Uncertainty Analysis

A thorough explanation of uncertainty analysis was carried out by previous users of the

experimental facilities and it is not in the scope of this study to give all the details.

The methodology followed to estimate the uncertainty on mass flow and total-to-static

efficiency can be found in the literature, [79, 105]. This uncertainty is calculated based

on the principle of the propagation of error in the measured quantities (temperature,

static pressure, torque, rotational speed).

The uncertainty of total-to-static efficiency, ∆ηts, is estimated based on the uncertainty

of the mass flow, inlet total temperature, pressure ratio, torque and rotational speed,

as shown in Eq. 3.27:



130 Chapter 3. Expander Design Methodology

∆ηts =

√
∆ṁ

∂ηts
∂ṁ

+∆T01
∂ηts
∂T01

+∆PR
∂ηts
∂PR

+∆τ
∂ηts
∂τ

+∆ns
∂ηts
∂ns

(3.27)

The dominant factor in efficiency uncertainty is torque. Torque uncertainty was calcu-

lated as two times the standard deviation of the difference between the reading provided

by the linear response of the load cell and the real force generated by the weights used

for calibration. The torque uncertainty was found to be ±0.002Nm after several cali-

bration runs.

The torque uncertainty is an absolute uncertainty, meaning that the impact on efficiency

uncertainty at low torque will be very high compared to high torque conditions. As a

result, efficiency uncertainty was between 2.3 pp and 0.5 pp for low torque and high

torque operating conditions. The average uncertainty in total-to-static efficiency was

found to be 1.31 pp.

The uncertainty of the mass flow, ∆ṁ, is calculated based on the uncertainty of the

density, the gas expansion factor and the differential pressure. The uncertainty of the

material thermal expansion, discharge coefficient and flow coefficient were considered

negligible adding no uncertainty to the mass flow. Equation 3.28 shows the expression

for the mass flow uncertainty:

∆ṁ =

√
∆ρ

∂ṁ

∂ρ
+∆Y

∂ṁ

∂Y
+∆(∆P )

∂ṁ

∂∆P
(3.28)

Mass flow uncertainty ranged between 0.92% and 2.50%. Uncertainty is shown as error

bars in the charts of the experimental results included in Appendix B.

3.5 Chapter Summary

This chapter introduced the methodology used in this investigation. The expander

design methodology consisting of the meanline model and the 3D parametric model

was described. The meanline model was developed to predict the turbine performance

working with ideal and non-ideal fluids. The code implements different subroutines
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to predict the choking point of the nozzle and the rotor and allows performance map

generation and design optimisation. The meanline model is calibrated using CFD data

generated for the applications of study.

The 3D parametric model was developed to overcome the limitations of meanline mod-

elling when predicting the impact on efficiency of certain geometry modifications in-

cluding the meridional profile and non-radial blading. The model can generate radial

and non-radial fibre geometries and it is coupled to a CFD solver. Automated sampling

and optimisation can be carried out using this methodology. This method, although

computationally costly, provides more accurate performance prediction and more un-

derstanding of the impact of geometry modification on the flow field.

Finally, the experimental methodology using Imperial College turbine test rig was ex-

plained. Performance calculation and uncertainty were also introduced. Widely used

in previous research, the test rig provided experimental results for the validation of the

methodology with air as working fluid.

The next two chapters introduce the results of the application of this methodology on

the design of turbines for ORC and ETC applications. Both methodologies are compared

and the effect of design parameters on the performance of radial and non-radial fibre

rotors is investigated.



Chapter 4

Organic Rankine Cycle Turbine

Design

The meanline model introduced in Chapter 3 was implemented for organic fluids. The

application requires unconventional operating conditions for these turbines, operating

at high pressure at the design point. While meanline model provides good design

guidance for conventional radial turbomachinery, limitations are expected in predicting

the performance of turbines for ORC (or non-ideal fluids) applications.

The parametric model coupled with CFD was used to investigate the detailed flow field of

different designs and to obtain high-fidelity data to compare and calibrate the meanline

model. The next sections describe the calibration, sensitivity study and optimisation

using the two methodologies, meanline and parametric modelling. Finally, 3D blading

designs are explored using the CFD parametric model by modifying the meridional shape

of the hub and shroud contours.

4.1 Meanline Model Calibration

While the main equations in meanline modelling are based on physical models, losses

are based on semi-empirical equations. Loss correlations have being validated in the

literature against experimental data for a fixed set of geometries, operating conditions

132
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and working fluids. However, it is advised that the loss coefficients are calibrated for

each particular application. Calibration requires the use data from the literature, exper-

imental results from preliminary designs or high fidelity CFD data of similar application

conditions and geometries to the actual application.

CAESES provides an integration platform for automated geometry design and CFD

computations with optimisation algorithms. Latin Hypercube Sampling, LHS, was used

to obtain a near-random set of 20 geometry evaluations based on the meridional profile,

nozzle and blade angles, and rotational speed. This methodology tries to explore all

the design space determined by the range of the parameters, defining the meanline

geometry, the blade angles and the rotational speed. Five designs were selected to

calibrate the meanline model loss coefficients, while the rest of the generated designs

was used to evaluate the deviation between the meanline predicted performance and

the CFD performance.

The calibration algorithm consists on predicting the efficiency and mass flow of each

geometry using the meanline model and calculate the relative RMS error (RRMSE)

between the meanline and CFD efficiency and mass flow values. The efficiency RRMSE

and the mass flow RRMSE are part of the objective function to minimise during calibra-

tion. A multiobjective genetic algorithm is used for the minimisation of the objective

function by varying the loss coefficients within a certain range. The number of genera-

tions was set to 40 and the population in each generation was set to 80 iterations. The

convergence of the algorithm is monitored using the hypervolume indicator shown in

Fig. 4.1. The hypervolume indicator measures the proximity of the function evaluations

to the Pareto front and how evenly distributed and spread are [121]. The advantage

of this metric is that the Pareto front does not need to be known in advance to assess

the performance and convergence of the optimiser. The asymptotic behaviour of the

hypervolume indicates that the calibration has converged [122].

After 3200 iterations, the Pareto front of the multi-objective calibration was obtained.

The Pareto front shows potential solutions that minimise the error between the meanline

and CFD efficiency and mass flow. Weights, wi, are applied to each of the components

of the objective function to assess the overall error and get a single solution for the loss
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Figure 4.1: Hypervolume indicator monitoring with calibration iterations for the first
calibration with efficiency and mass flow.

coefficients, according to Eq. 4.1. Efficiency and mass flow RRMSE were assigned the

same weights, 0.5 and the set of loss coefficients that returns the lowest overall RRMSE

was chosen as the solution of the calibration.

Fsolution = min{wηtsRRMSEηts + wṁRRMSEṁ} (4.1)

The RRMSE in efficiency and mass flow after calibration was 0.82% and 0.3%, respec-

tively. This resulted in an average deviation of 1.2 pp in efficiency and 0.4% in mass

flow. Figure 4.3 shows the total-to-static efficiency and mass flow comparison between

the CFD data used (x-axis) and the data predicted by the meanline model (y-axis) of

the calibration points.

When analysing the full set of CFD data, the total-to-static efficiency and mass flow

deviation measured in percentage points difference, pp, and relative deviation, were

found to be 3.2 pp and 3.9%, with an RRMSE of 2.6% and 2.8%, respectively. Figure 4.4

shows the comparison of the efficiency and mass flow of the full set of CFD data and

their meanline predicted results. The loss coefficients after calibration are summarised

in Table 4.1.

Table 4.1: Loss coefficients after the first calibration

Kn Kinc Kp Kcl B2 B4 B6

0.7 0.63 0.12 0.7 0.97 1.0 0.9
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Figure 4.2: (a) Multi-objective calibration showing iterations, the Pareto front and the
solution obtained (colour map from blue to yellow indicates older to newer iterations,
respectively) and (b) normalised Pareto front showing the calibration solution
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Figure 4.3: Comparison between meanline and CFD efficiency after meanline model
calibration for the selected designs
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Figure 4.4: Comparison between meanline and CFD (a) efficiency and (b) mass flow
after meanline model calibration for the whole sample. Dashed lines indicate ±5%
deviation

The meanline model predicts accurately trends in performance (efficiency and mass flow)

compared to the CFD data available. This confirms the use of the low order model. In

the next subsection the loss breakdown is analysed to determine if the meanline model

is physically representative of the actual loss mechanisms in a radial ORC turbine.
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4.1.1 Loss Breakdown for Calibration

To compare the loss breakdown predicted by the meanline model and the loss breakdown

provided by CFD results, 5 geometries out of the sampling were chosen and analysed

in more detail. The CFD domain was divided into several regions and the entropy

generation calculated in each region was assigned to one loss mechanism.

Losses are proportional to the entropy change, ∆s, across the turbine. The entropy

generation of an adiabatic process, is a function of the entropy change across the turbine

boundaries, according to Eqn. (4.2) [123]:

dẆloss = TdṠgen = T ((sdṁ)out − (sdṁ)in) (4.2)

The fluid domain was divided into regions according to Fig. 4.5 to calculate the entropy

increase across them and link them to specific loss mechanisms across the rotor [124,

125]. The interspace region was set at the inlet and the leading edge of the blade,

extending up to 2% of the blade chord. Pressure surface and suction surface regions

were located in the passage adjacent to each blade surface and extended up to 67%

span.

The tip region extended from 67% up to 100% span at both sides of the blade. Pressure

surface, suction surface and tip regions extended from 2% to 95% blade chord. The

trailing edge domain extended from 95% to 110% (after the trailing edge) blade chord

and it is divided into two regions at 67% span. Finally, the exit pipe region consists of

the domain from 110% blade chord up to the outlet boundary.

The four loss mechanisms analysed were incidence losses accounting for the entropy

generation in the interspace and the first part of the blade, including the leading edge,

shown in Fig. 4.5; passage losses, linked to the blade surface region including the

passage and surface regions; tip leakage losses including the tip and the trailing edge

tip regions, and trailing edge losses including the trailing edge blade region. The entropy

generation across each region was divided by the mass flow of each design to allow for

a fair comparison.
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(a)

(b)

Figure 4.5: Regions for loss breakdown in the rotor domain: meridional view (a), blade
to blade view (b)

Figure 4.6 shows the entropy generation per unit mass flow in each region of 5 dif-

ferent nozzle-rotor designs. Total-to-static efficiency is also shown in the graph. A

good correlation between efficiency and entropy generation is observed, design E shows

the lowest entropy generation (losses) across all components, therefore the highest effi-

ciency. Contrarily, design D has the highest entropy generation across all components,

excluding the nozzle, leading to the lowest efficiency. The entropy generation across

the exit pipe modelled in CFD for convergence and for boundary conditions purposes

is not equivalent to the exit losses accounted for in meanline. Exit losses in meanline

are purely kinetic energy losses due to the absence of a diffuser to recover this kinetic

energy and are excluded from the following analysis.

The loss distribution predicted by meanline after the first calibration was compared to



4.1. Meanline Model Calibration 139

A B C D E
Design

0

5

10

15

s g
en

 [k
Jk

g
1
K

1 ]
Exit Pipe
Nozzle
Trailing Edge
Tip Leakage
Passage
Leading Edge

0.4

0.5

0.6

0.7

0.8

ts
 [-

]

ts

Figure 4.6: Entropy generation per unit mass calculated in each region of the CFD
domain and assigned to each loss mechanism (left axis) and total to static efficiency
(right axis) for 5 different geometries

the CFD loss distribution. Figure 4.7 shows this comparison. The meanline model pre-

dicts accurately the trends in loss distribution across the designs, but fails at estimating

the right loss breakdown in each design. The model identifies that the contribution of

incidence losses to the overall losses across the rotor is lower in design E compared to

the other designs. However, the calibrated meanline model overpredicts the share of

incidence losses to the overall losses.
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Figure 4.7: Loss breakdown in the rotor for 5 different designs calculated via (a) CFD
and (b) meanline using the first set of loss coefficients

The CFD results of entropy generation distribution across the rotor were taken as input
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for a second calibration of the meanline model. Incidence, passage and tip clearance

losses were accounted as the percentage of loss contribution to the rotor overall losses,

as indicated in Eq. 4.3.

%Li =
Li

Lrotor
=

Li

Linc + Lpas + Ltc + Lte
(4.3)

The relative root mean square error, RRMSE, between the contribution of each loss

mechanims (incidence, passage and tip leakage losses) to the rotor overall losses, %Li,

predicted by meanline and the results from CFD was included as objective functions.

Equation 4.4 shows the calculation of RRMSE for each loss mechanism and Eq. 4.5

shows the multi-objective function.

RRMSE%Li
=

1

n

n∑ %Li,meanline −%Li,CFD

%Li,CFD
(4.4)

Fobj = {RRMSEηts , RRMSEṁ, RRMSE%Linc
, RRMSE%Lpas

, RRMSE%Ltc
}

(4.5)

Convergence was monitored using the hypervolume too, as shown in Fig. 4.8, however,

it is not possible to visualise the Pareto front since the multi-objective calibration had

5 objective functions, the relative root mean square error, RRMSE in efficiency, mass

flow, incidence loss, passage loss and tip clearance loss.

Similarly to the first calibration, equal weighting, wi, was applied to each term of the

objective function to choose the final solution of the calibration, as shown in Eq. 4.6.

Efficiency and mass flow RRMSE were assigned the same weights, 0.2 and the set of

loss coefficients that returns the lowest overall RRMSE was chosen as the solution of

the calibration.
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Figure 4.8: Hypervolume monitoring with calibration iterations for the second calibration
with efficiency and mass flow and loss distribution

Fsolution = min{wηtsRRMSEηts + wṁRRMSEṁ + w%LincRRMSE%Linc+

+w%LpasRRMSE%Lpas + w%LtcRRMSE%Ltc} (4.6)

The final set of loss coefficients that minimises the RRMSE in performance and loss

distribution is summarised in Table. 4.2.

Table 4.2: Loss coefficients after the second calibration

Kn Kinc Kp Kcl B2 B4 B6

0.12 0.59 0.21 1.42 0.98 0.98 0.81

Efficiency, mass flow and the loss breakdown predicted by the meanline model after

the second calibration is compared to the CFD results in Fig. 4.10. Matching the loss

distribution in the rotor penalises the efficiency prediction. Figure 4.10 (a) and (b)

show the efficiency and mass flow predicted by meanline after the second calibration

and CFD results of the designs used for calibration. The mass flow agreement is quite

good across all designs with an average deviation of 0.8% and an RRMSE of 1%. The

meanline model predicts accurately the total-to-static efficiency of the first 4 designs,
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but fails in the last design, leading to an average error of 2.9 pp and the RRMSE of

4.4%
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Figure 4.9: Comparison between meanline and CFD efficiency after the second calibra-
tion of the meanline model for the selected designs
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Figure 4.10: Comparison of the loss breakdown in the rotor domain of the selected
designs obtained via (a) CFD and (b) meanline after the second calibration

The loss distribution predicted by the meanline model after the second calibration is

closer to the loss distribution found in CFD, shown in Fig. 4.10 (c) and (d), compared

to the meanline prediction after the first calibration, Fig. 4.7. The contribution of

incidence losses predicted by meanline modelling is very similar to the CFD results.
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Passage losses in meanline are slightly higher than CFD results. Tip leakage share

in rotor losses is also more similar to CFD results than the prediction after the first

calibration. Meanline also predicts that trailing edge losses have a small effect on rotor

overall losses, in agreement with CFD results.

To further assess the validity of each calibration, the meanline model was used to cal-

culate the performance of a sample of 500 geometries. Figure 4.11 shows the sensitivity

analysis of each of the input parameters of the meanline model with efficiency. The

first insight that can be drawn is that the second calibration set overpredicts losses in

high performance designs. When looking at the highest efficiency designs obtained with

the first calibration set (blue dots) and the second calibration set (red dots) Fig. 4.11

(a), there is a consistent 8pp difference between them regardless of the value of r4.

However, this efficiency shift does not appear to happen in medium to low-efficiency

designs. The second insight is that trends are predicted accurately after both calibra-

tions. This leads to the conclusion that accurate loss breakdown in meanline is not that

relevant for evaluating efficiency only and overall trends.

A meanline model does not provide an accurate loss breakdown, while CFD has its

own limitations due to the nature of losses in radial turbines. Radial turbines show

very complex flow structures that interact and merge, making them difficult to isolate

and assign to different loss mechanisms. To illustrate this, the vortex core region of

design A, corresponding to the set of designs used for calibration purposes, is shown

in Fig. 4.12. Figure 4.12 (a) corresponds to the CFD simulation carried out without

tip clearance in order to isolate the effects of the other three loss mechanisms acting in

the rotor. Figure 4.12 (b) shows the simulation with tip clearance, in which tip leakage

plays a significant role.

The flow structures in the core of the passage of both simulations are quite similar.

This structure is a big vortex created by boundary layer separation on both the suction

and hub surfaces. In the tip clearance case, Fig. 4.12 (b) the tip leakage vortex wraps

the suction-hub surface vortex and merges with it, as indicated by the curved arrows.

If the two cases were not compared, one can incorrectly conclude that the main flow

structure observed within the passage corresponds to the tip leakage vortex, however,
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Figure 4.11: Sensitivity analysis of total-to-static efficiency as function of (a) rotor
wheel radius,r4, (b) rotational speed Nrpm, (c) rotor shroud radius to wheel radius
ratio, r6s

r4
, (d) rotor hub radius to wheel radius ratio, r6h

r4
(e) nozzle vane metal angle

αnozzlevane, (d) rotor blade metal angle at trailing edge, βblade,6, and fitting curves for
the first calibration (blue) and the second calibration (red) sampling
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Figure 4.12: Vortex core showing secondary flow structures of design A with (a) no tip
clearance and (b) tip clearance

it corresponds to the suction-hub vortex. This could not be easily observed unless the

non-tip clearance simulation is considered in the evaluation.

Furthermore, the suction-hub surface vortex starts at a different location due to the

tip clearance effect. Figure 4.12 (b) shows an earlier formation of this vortex (closer
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to the leading edge) than Fig. 4.12 (a) shows. Finally, the suction-hub surface vortex

is mainly induced by a sub-optimal incidence angle which promotes the boundary layer

separation and the suction surface. In this particular case, it is, therefore, impossible to

isolate completely the effect of individual loss mechanisms.

The set of loss coefficients used in the meanline model calculations for the next sections

of this chapter corresponds to that obtained after the first calibration, where only the

error in efficiency and mass flow was set as objective functions and disregarding the loss

breakdown obtained in CFD. Although the second calibration showed a more accurate

loss distribution prediction, it heavily penalises the efficiency prediction, which is more

relevant for preliminary design.

4.2 Meridional Geometry Optimisation

The sensitivity analysis and optimisation of the meridional geometry and blade angles

were carried out using the meanline model and the 3D parametric model coupled with

CFD for the highest total-to-static efficiency. First, a Latin hypercube sampling was

carried out as part of the sensitivity analysis using both methodologies. Then, the

design was optimised using a differential evolutionary algorithm for the meanline model

approach. The optimisation with the parametric-CFD approach used a genetic algorithm

based on the response surface built from the sampling.

The sensitivity analysis was carried out to assess and compare the influence of each

parameter in efficiency during the optimisation process using the meanline and CFD-

based approaches, as shown in Fig. 4.13. Fitting curves were plotted to assess the

correlation of each parameter with efficiency. Similar levels of correlation were found on

the effect of the design parameters on total-to-static efficiency, except from αnozzlevane

and βblade6, where the correlation indicates opposite trends.

Analysing the data shown in Fig. 4.13 (a) and (b), the correlation of r4 and Nrpm

with ηts for meanline and CFD-based optimisation is similar, both showing a quadratic

relationship. The effect of r6s
r4

and r6h
r4

in efficiency is negligible, as shown in Fig. 4.13

(c) and (d), where the fitting curve are almost horizontal, indicating no correlation.
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Figure 4.13: Sensitivity analysis of total-to-static efficiency as function of (a) rotor
wheel radius,r4, (b) rotational speed Nrpm, (c) rotor shroud radius to wheel radius
ratio, r6s

r4
, (d) rotor hub radius to wheel radius ratio, r6h

r4
(e) nozzle vane metal angle

αnozzlevane, (d) rotor blade metal angle at trailing edge, βblade,6, and fitting curves for
meanline (red) and CFD-based (blue) sampling
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The meanline model predicts higher efficiency for designs with lower nozzle and rotor

angles, αnozzle, βblade6 for higher efficiency, as shown in Fig. 4.13 (e) and (f), respec-

tively. The CFD model shows a weak correlation of the efficiency with the nozzle angles

since high efficiency designs are possible with any value of αnozzle. The correlation of

efficiency with βblade6 is also weak but the efficiency slightly increases with higher values

of βblade6. These different trends between the meanline model and the parametric-CFD

model could be explained due to losses due to excess turning and losses due to choked

conditions that are not accurately captured by meanline modelling.

The optimised variables are shown in Table 4.3, with the optimum value and range

defining the design space. Table 4.3 also shows the geometrical parameters that were

kept constant in every design during the sampling and the optimisation(including the

cone angles that were optimised in the next section, but were kept constant in this

first geometry optimisation). Efficiency, blade height and mass flow for the optimum

geometry of each methodology are also reported in Table 4.3.

The number of candidates assessed in each methodology was different, 450 for meanline

and 115 for CFD sampling, to reduce the computational cost. During the optimisation,

980 geometries were generated using meanline. The CFD based optimisation assessed

30 geometries, in addition to the 115 samples which were built the response surface.

Designs with blade height lower than 2mm, b4 < 2.00mm, were discarded and not

included in this analysis in the CFD methodology. This constraint was set to 1.2mm

in the meanline approach.

While the efficiency obtained from the optimum designs of each methodology is very

close, ηts,meanline = 79.98% and ηts,CFD = 81.29%, the meridional geometry and blade

angles are significantly different. The meanline optimisation led to higher values (equal

to the higher bound) of r4 and αnozzlevane compared to the CFD-based optimisation.

Nrpm, r6h
r4

and βblade6 were lower in the meanline-optimum geometry than in the

CFD-based geometry. Only one parameter, r6s
r4

, converged to the same value after both

optimisations.
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Table 4.3: Optimised meridional geometry and design space for meanline and CFD.

Parameter Meanline CFD-based

Optimisation Variables

r4 [mm] 32.5 [24.0-32.5] 28.6 [24.0-32.5]

Nrpm [krpm] 76 [50-100] 93 [50-100]

r6s
r4

[−] 0.81 [0.81-0.89] 0.81 [0.81-0.89]

r6h
r4

[−] 0.20 [0.20-0.27] 0.27 [0.20-0.27]

αnozzlevane [◦] 80.0 [73.0-80.0] 74.9 [73.0-80.0]

βblade6 [◦] -73.6 [-74.0- -59.0] -59.9 [-74.0- -59.0]

Fixed Parameters

Number of blades 11 11

Number of vanes 13 13

Tip clearance [mm] 0.3 0.3

Zr [mm] 19.2 19.2

Aeff,4 [mm2] 97.67 97.67

ψhub,in [◦] - 90.0

ψhub,out [
◦] - 0.0

ψshroud,in [◦] - 85.0

ψshroud,out [
◦] - 0.0

Results

ηts [%] 79.98 81.29

b4 [mm] 2.75 [>1.20] 2.08 [>2.00]

ṁ [kgs−1] 0.90 0.89

Ndesigns (sampling) 450 115

Ndesigns (optimisation) 980 115+30

Many factors can affect the different optimum designs, but the main source of discrep-

ancy may be:

1. Less number of geometries to cover the entire design space.

2. CFD-based geometries which are similar to the meanline optimum design show

low deviation in efficiency, which means they are good candidate designs.

3. CFD-based optimisation allows for finer cross-over of candidates between gener-

ations due to the more detailed effect of each parameter on efficiency, resulting
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in an optimum geometry with higher efficiency than the meanline optimisation.

4.3 Hub and Shroud Contour Sensitivity

Once the meridional profile, nozzle vanes and rotor blade angles, as well as rotational

speed were optimised, the influence on efficiency of 3D geometry features that can not

be captured by the meanline model was investigated. The meridional profile, nozzle

and rotor blade angles and rotational speed were kept constant based on the best

configuration of the previous CFD-based optimisation shown above (data shown in

Table 4.3). The camberline, shown in Fig. 4.14, was also constant for all designs

considered in the optimisation of the hub and shroud contours. The cone angle at the

leading edge and trailing edge of the rotor hub and shroud (see Fig. 3.11 as reference)

were optimised for highest efficiency.
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Figure 4.14: Common camberline for the three designs

The lowest efficiency design and a mid efficiency design obtained during the sampling

were chosen to analise and compare the flow field in more detail. Geometrical data and

total-to-static efficiency results of the three designs can be found in Table 4.4, along

with the design space considered in the optimisation.

70 candidates were computed during the CFD-based optimisation of the 3D parameters

defining the hub and shroud contours. A 2.1 pp difference between the high ηts and

the low ηts was found and it is attributed to the effects of the different 3D shape of
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Table 4.4: Optimised hub and shroud contours and design space for 3D-CFD-based
optimistation

Parameter Design Space Low ηts Medium
ηts

High
ηts

Optimisation Variables

ψhub,in [◦] [60.0-90.0] 86.0 64.2 63.3

ψhub,out [
◦] [0.0-30.0] 9.0 7.6 26.5

ψshroud,in [◦] [60.0-85.0] 82.0 68.7 73.8

ψshroud,out [
◦] [0.0-30.0] 2.0 15.0 26.9

Results

ηts [%] - 79.19 80.01 81.29

Number of ge-
ometries

70 - - -

the blade on the flow. Note that, since the meridional contour and nozzle and rotor

blade angles were kept constant for all geometries during the optimisation, the efficiency

predicted by meanline modelling is the same, not capturing the impact of local geometry

modifications.

A sensitivity analysis was carried out based on the efficiency of the different geometries

calculated by CFD during the optimisation. Figure 4.15 shows the total-to-static effi-

ciency as function of the 4 variables in the optimisation and their correlations. The hub

cone angle at the leading edge, ψhub,in, and the shroud cone angle at the trailing edge,

ψshroud,out, are the parameters which have the biggest impact on efficiency. Higher

ψhub,in and lower ψshroud,out values lead to higher efficiency, as shown in Fig. 4.15 (a)

and (d), respectively. No significant correlation with efficiency was found for ψhub,out

and ψshroud,in, as the flat fitting curves show in Fig. 4.15 (b) and (c), indicate no

correlation.

Entropy generation and loss breakdown analysis was carried out to explain the difference

in efficiency obtained among the three geometries. The entropy generation rate is

calculated in each region according to Fig. 4.5 and assigned to the appropriate loss

mechanisms for the three geometries, as shown in Fig. 4.16. The entropy generation

in the suction surface and pressure surface regions was calculated separately for a more

detailed analysis. The high efficiency design shows lower entropy generation across
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Figure 4.15: Sensitivity analysis of the 3D parameters studied in the optimisation:total-
to-static efficiency as a function of (a) hub cone angle at inlet , ψhub,in, (b) hub cone
angle at outlet , ψhub,out, (c) shroud cone angle at inlet , ψshroud,in, (d) shroud cone
angle at outlet, ψshroud,out, and fitting curves

the whole rotor, suggesting lower losses than the other two designs. The difference in

overall entropy generation between the high and mid efficiency designs is small, leading

to 1.28 pp difference in total-to-static efficiency. The comparison is therefore focused

on the high and low efficiency designs, which show a 5.5% difference in overall entropy

generation and 2.1 pp efficiency difference.

Evaluating in more detail the loss breakdown between the high and low efficiency designs,

it was found that entropy generation across the passage (including interspace, tip,

pressure and suction surface regions) is similar (1.2% lower entropy generation in the

low efficiency design compared to the high efficiency design), but there is a redistribution
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Figure 4.16: Entropy generation rate comparison and loss breakdown between 3 designs
of different hub and shroud contours but common meridional profile and blade angles.

of losses. This redistribution can be linked to secondary flow structures, as source of

entropy generation.

Interspace losses, suction surface losses and pressure surface losses are 39%, 400% and

28% higher in the low efficiency case compared to the high efficiency one, respectively.

However, tip clearance losses are 48% lower in the low efficiency geometry compared

to the high efficiency design.

Figure 4.17 shows the blade streamlines at the suction surface for the high efficiency

and low efficiency designs. Tip clearance is the dominant loss mechanism in the high

efficiency design, leading to a big tip vortex created from the leading to the trailing

edge of the blade, as shown in Fig. 4.17 (a). This keeps the entropy generation in the

interspace, suction and pressure surface to a minimum in the high efficiency design.

In the low efficiency design, however, the main tip leakage vortex is smaller, as it can be

seen in Fig. 4.17 (b). The flow separates at a previous location, mainly at the suction

surface, but also at the interspace and pressure surface to a small extent. The suction

surface separation also drags low momentum material from the leading edge tip and

the hub, forming a vortex that travels upwards up to 60% span and detaching from the

suction surface as it heads to the trailing edge.

Figure 4.16 shows higher rotor and pipe exit losses in the low efficiency design. Rotor
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Figure 4.17: Blade streamlines in (a) high efficiency design (b) low efficiency design

exit and pipe exit losses are 28% and 24% higher in the low efficiency design compared

to high efficiency one, due to the effect of the vortices created upstream, explaining the

increased entropy generation in these regions.

Entropy is generated by different mechanisms according to the literature [123, 126–128].

One of the mechanisms is the entropy generation due to turbulence dissipation, Ṡgen,d,

which is the main contributor to the overall entropy generation. Entropy is generated

as a result of the dissipation of useful kinetic energy into internal energy. Equation 4.7

shows that Ṡgen,d is dependent on the turbulence eddy dissipation rate, ϵ, the rate at

which the energy of larger eddies dissipates into smaller eddies until it is fully converted
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to thermal internal energy.

Ṡgen,d =
ρϵ

T
(4.7)

Figure 4.18 shows the contour plots of the entropy generation due to turbulence dissipa-

tion, Ṡgen,d at 8 different streamwise locations for the high efficiency and low efficiency

designs. The flow structures discussed in Fig. 4.17 correspond in Fig. 4.18 to the high

Ṡgen,d regions, highlighted with dotted lines.

Tip leakage results in high Ṡgen,d at the region close to the suction surface tip in both

designs. In the high efficiency design, all the tip leakage flow forms a strong vortex from

the leading to the trailing edge and it is the main contributor to entropy generation due

to turbulence dissipation, as shown in Fig.4.18 (a).

The low efficiency design, the tip leakage vortex is weaker as it only takes leakage flow

from around 30% chord to the trailing edge, as shown in Fig. 4.17 (b). This translates

into smaller area of high entropy generation at the suction surface tip compared to the

high efficiency design, as shown in contours in Fig. 4.18. This agrees with the finding

that the overall entropy generation rate at the tip is lower in the low efficiency design,

shown in Fig. 4.16. Suction surface separation and tip leakage flow from the leading

edge up to 30% chord results in entropy generation corresponding to the suction surface

vortex. Ṡgen,d contours in 4.18 (b) suggest that the suction surface vortex dissipates

around 75% chord length. This has a huge impact on suction surface overall entropy

generation in the low efficiency design, as discussed earlier in Fig. 4.16.

Entropy generation and flow field analysis give an insight into the difference in perfor-

mance between designs. Moreover, the quantitative CFD loss breakdown helps focus

the design efforts on those regions that lead to higher losses.

4.4 Chapter Summary

This chapter investigates different aspects of turbine design ORC application with a

focus on rotor geometry. The design process was based on two strategies applying
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Figure 4.18: Turbulent dissipation rate contours at different streamwise locations in (a)
high efficiency design (b) low efficiency design

differential evolution single-objective optimisation: meanline model and 3D parametric

model with CFD evaluation.

The meanline model was successfully calibrated with high fidelity CFD data. The

average deviation in efficiency was found to be 3.8 pp.

A first optimisation of the meridional geometry, nozzle and rotor blade angles and rota-

tional speed was carried out with total-to-static efficiency as the objective function using

the meanline and CFD-based approaches separately. The low order model provided an
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optimised geometry with lower efficiency (ηts,meanline = 79.98%) than the CFD-based

optimum configuration (ηts,CFD = 81.29%). The optimum geometries obtained with

the two approaches were different, as well as the correlation of some design parameters

with efficiency. This suggests some limitations on low-order modelling, specially on loss

correlations. Future comparison of the meanline loss distribution with the CFD loss

breakdown may be helpful to overcome this limitation.

A second CFD-based optimisation of the hub and shroud cone angles at the rotor

leading and trailing edge was carried out to determine the effect of 3D geometry modi-

fications while keeping the same meridional geometry, nozzle and rotor blade angles and

rotational speed. The efficiency difference between the best and worst designs during

the optimisation was as high as 2.1 pp, while the efficiency predicted by the meanline

model is the same (due to the same meridional profile, angles and rotational speed).

This highlights the limitations of meanline modelling in predicting efficiency of differ-

ent configurations, when the geometry modifications are outside the meanline design

parameters.

Entropy generation and loss breakdown analysis was carried out for two geometries

with different hub and shroud contours. The flow field was also analysed, explaining

the efficiency difference between the two geometries analysed in more detail.

The same methodology and analysis were carried out for the design of the ETC turbine,

looking in more detail at non-radial fibre parameters. This is explained in the following

chapter.



Chapter 5

Electric Turbocompunding Turbine

Design

This chapter presents the sensitivity analysis and optimisation of the radial fibre and non-

radial fibre rotor geometries following the methodology outlined in Chapter 3 applied to

electric turbo-compounding (ETC). The meanline model is calibrated with CFD results.

The accuracy of the meanline model when predicting turbine efficiency and mass flow

is targeted first, whilst a second calibration is carried out to improve the prediction of

loss distribution across the rotor.

The sensitivity of the calibrated meanline model and the parametric CFD-based method-

ology is analysed to evaluate the influence of the design parameters on the efficiency of

radial fibre turbines. Optimised ETC turbine designs for the application of study were

obtained with both approaches.

Once an optimised baseline radial fibre design is obtained, the effect of additional 3D

parameters that allow for non-radial fibre blading design is investigated. The parametric

model coupled with CFD computations allow for a detailed analysis of the performance

and flow field of non-radial fibre designs.

In addition, an experimental evaluation of the optimised geometries was carried out and

compared with the CFD analysis of the losses and flow structures, for complementary

validation.

158
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5.1 Meanline Model Calibration

Similar to the previous chapter, the meanline model was also calibrated for the ETC

application. ETC operating conditions are substantially different from ORC, since the

working fluid is air and the pressure ratio is set to 1.2. A near-random set of 20 different

geometries was generated using the Latin Hypercube Algorithm (LHA) in CAESES.

The calibration algorithm aims to improve the accuracy of the meanline model when

predicting efficiency and mass flow values. This is done by calculating the difference,

or error, between the predictions obtained by the meanline model and those obtained

using computational fluid dynamics (CFD).

The algorithm seeks to minimise this error, defined as the relative root mean squared

error (RRMSE), for both efficiency and mass flow. To achieve this, the algorithm

employs a multi-objective genetic algorithm, which adjusts the values of the loss coef-

ficients through an iterative process. The algorithm runs for a total of 80 generations,

considering a population of 160 designs. Once this iterative process finishes, the pareto

front is obtained, as shown in Fig. 5.1 (a). The convergence of the algorithm is tracked

using a metric called hypervolume, shown in Fig. 5.1 (b). This parameter, explained

in more detail during the ORC calibration of Chapter 4, measures the convergence and

the quality of the optimisation result in terms of proximity of the function evaluations

to the Pareto front and how evenly distributed and spread the data is.

The Pareto front is a visual representation of the multiple possible solutions that show

a minimal difference between efficiency and mass flow predictions using meanline mod-

elling and CFD. To determine a single solution, weights can be applied to evaluate the

overall error using the equation introduced in Chapter 4 and repeated here for clarity

in Eq. 5.1.

Fsolution = min{wηtsRRMSEηts + wṁRRMSEṁ} (5.1)

In this case, equal weights of 0.5 were assigned to both efficiency and mass flow root

mean squared error (RRMSE). The set of loss coefficients that resulted in the lowest

overall RRMSE was then selected as the solution for the calibration process and is

summarised in Table 5.1.
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Figure 5.1: (a) Multi-objective calibration showing: (a) calibration iterations and the
Pareto front and the solution obtained (colour map from blue to yellow indicates older
to newer iterations, respectively) and (b) hypervolume monitoring with calibration iter-
ations for the first calibration with efficiency and mass flow

The RRMSE in efficiency and mass flow after calibration was 0.98% and 1.09%, re-

spectively. This corresponded to an average deviation of 1.3 pp in efficiency and 1.2%

in mass flow of the set of data taken for calibration. Analysing the full set of CFD

data, total-to-static efficiency and mass flow deviation measured in percentage points
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difference, pp, and relative deviation, were found to be 3.6 pp and 3.8%, respectively.

The efficiency RRMSE was 2.9%, while the mass flow RRMSE was 3.1%. Figure 5.2

shows the comparison of efficiency and mass flow results for the full set of CFD data

(x-axis) and the corresponding meanline prediction (y-axis).

Table 5.1: Loss coefficients after the first calibration

Kn Kinc Kp Kcl B2 B4 B6
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Figure 5.2: Comparison between meanline and CFD (a) efficiency and (b) mass flow
after meanline model calibration for the whole sample

The meanline model is able to predict the trends in performance when compared to

CFD data. This supports the accuracy of the low order model. In the following section,

the breakdown of losses will be examined to determine if the meanline model accurately

reflects the actual loss mechanisms present in a ETC turbine.

5.1.1 Loss Breakdown for Calibration

To assess the accuracy of the loss breakdown of the meanline model, 5 representative

geometries from the sample were selected and analysed in more detail. The CFD domain

was divided into several regions and entropy generation in each region was attributed to

a specific loss mechanism. Similarly to the previous chapter, the loss breakdown from
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the meanline model and the loss breakdown from the CFD results were compared. The

CFD prediction of the loss distribution was taken from the entropy generation across

the different regions in which the turbine domain was divided, according to Fig. 4.5.

Figure 5.3 shows the entropy generation breakdown, equivalent to the loss distribution,

and the total-to-static efficiency of the 5 selected designs. As expected, higher efficiency

designs are associated with lower entropy generation. Design A shows the highest

efficiency and lowest entropy generation, while design E shows the opposite, lowest

efficiency and higher entropy generation.
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Figure 5.3: Entropy generation per unit mass calculated in each region of the CFD
domain and assigned to each loss mechanism (left axis) and total to static efficiency
(right axis) for 5 different geometries

Focusing on the rotor only, the comparison between the loss distribution predicted by

CFD and calculated by meanline after the first calibration is presented in Fig. 5.4.

Incidence and trailing edge losses are accurately predicted by meanline, since the share

of these loss mechanisms into the overall losses across the rotor is similar to the CFD

results. However, passage losses are significantly overpredicted, while tip leakage losses

are severely underpredicted using meanline modelling after the first calibration.

A second calibration taking into account the loss distribution across the rotor was carried

out to test if it was possible to improve the physical accuracy of the meanline model.

The objective function was defined by the RRMSE for efficiency, mass flow and each
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Figure 5.4: Loss breakdown in the rotor for 5 different designs calculated via: (a) CFD
and (b) meanline using the first set of loss coefficients

contribution of incidence, passage and tip clearance losses to the rotor loss. The multi-

objective function was introduced in Chapter 4 but it is repeated here for clarity, Eq.

5.2.

Fobj = {RRMSEηts , RRMSEṁ, RRMSE%Linc
, RRMSE%Lpas

, RRMSE%Ltc
}

(5.2)

During the second calibration, 40 generations with a population size of 80 designs were

sufficient to fulfill the convergence criteria, as shown in the hypervolume results in Fig.

5.5. The loss coefficients resulting after the second calibration are summarised in Table

5.2.

Table 5.2: Loss coefficients after the second calibration

Kn Kinc Kp Kcl B2 B4 B6

0.42 0.12 0.13 2.15 0.98 1.0 0.97

The comparison of loss distribution across the rotor between the CFD results and the

meanline prediction after the second calibration is shown in 5.6. There is a clear im-

provement in the loss distribution prediction by meanline using the second set of loss

coefficients, compared to the prediction using the first calibration (shown in Fig. 5.4).
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Figure 5.5: Hypervolume monitor of the second calibration showing convergence

Although incidence losses are slightly overpredicted by meanline, the model is able to

predict trends in the contribution of this loss mechanisms. For example, CFD results

in Fig. 5.6 indicate that design A has higher incidence losses than design B and this

trend is captured by meanline shown in Fig. 5.6. The contribution of passage losses

predicted by meanline (refer to Fig. 5.6 (b)) is close to the CFD results in Fig. 5.6 (a),

particularly in low efficiency designs, design C, design D and design E. However, passage

loss contribution is overpredicted by meanline in high efficiency designs, design A and

design B. A better loss breakdown prediction comes at the expense of a less accurate

prediction of efficiency. The RRMSE of efficiency after the second calibration was found

to be 3.6%, higher that the RRMSE of the first calibration. Mass flow RRMSE after

the second calibration was 3.2%, a value close to the first calibration.

Due to the impossibility of matching the loss breakdown of the meanline prediction to

the loss breakdown provided by CFD without penalising the efficiency prediction, the

loss coefficients used in the meanline model calculations for the following sections of

this chapter are based on the initial calibration. The first calibration only considered

the error in efficiency and mass flow as part of the objective function, without taking

into account the loss breakdown obtained through CFD.
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Figure 5.6: Loss breakdown in the rotor for 5 different designs calculated via: (a) CFD
and (b) meanline using the second set of loss coefficients

5.2 Sensitivity Analysis and Optimised Radial Fibre Geom-

etry

The sensitivity study based on the sampling to create the response surface for opti-

misation shows interesting results. Figure 5.7 summarises the effect of each design

parameter on efficiency, Fig. 5.7 (a) shows a clear correlation of increasing efficiency

with increasing r4. Other parameters determining the geometry of the rotor outlet, r6s
r4

and r6h
r4

, have only a small effect on efficiency, as shown in Fig. 5.7 (b) and (c), leading

to slightly higher performance for high values of r6s
r4

.

Figure 5.7 (d) describes the effect of αnozzle,4 on efficiency, showing better performance

for lower values of αnozzle,4. The correlation of βblade,6 with efficiency, shown in Fig.

5.7 (e), is not as clear as the correlation of other parameters, since high efficiency

designs are achieved with a wide range of blade angles at the trailing edge, from −70◦

to −50◦. Finally, Fig. 5.7 (f) shows an optimum region of Nrpm for high efficiency,

around 30,000 rpm.

The global optimisation carried out from the response surface resulted in the geometry

summarised in Table 5.3. This geometry is set as the radial fibre baseline design from

which the non-radial fibre blading investigation is carried out.
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Figure 5.7: Sensitivity analysis of total-to-static efficiency as function of (a) rotor wheel
radius,r4, (b) rotor shroud radius to wheel radius ratio, r6s

r4
, (c) rotor hub radius to wheel

radius ratio, r6h
r4

(d) nozzle vane metal angle αnozzlevane, (e) rotor blade metal angle at
trailing edge, βblade,6, (f) rotational speed Nrpm and fitting curves for meanline (red)
and CFD-based (blue) sampling
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Table 5.3: Optimised meridional geometry and design space for meanline and CFD.

Parameter Meanline CFD-based

Optimisation Variables

r4 [mm] 40.82 [35.0-42] 40.83 [35.0-42]

Nrpm [krpm] 31 [20-50] 30 [20-50]

r6s
r4

[−] 0.88 [0.81-0.89] 0.88 [0.81-0.89]

r6h
r4

[−] 0.30 [0.28-0.32] 0.31 [0.28-0.32]

αnozzlevane [◦] 72.86 [65.0-79.0] 65.9 [65.0-79.0]

βblade6 [◦] -71.6 [-75.0- -50.0] -66.98 [-75.0- -50.0]

Fixed Parameters

Number of blades 11 11

Number of vanes 19 19

Tip clearance [mm] 0.5 0.5

Zr [mm] 24.2 24.2

Results

ηts [%] 82.86 82.93

b4 [mm] 8.52 7.39

MFP [kgs−1K0.5Pa−1] 1.92e-5 1.93e-5

Number of geometries 800 200

5.3 Sensitivity Analysis and Optimised Non-radial Fibre Ge-

ometry

After the radial fibre geometry was optimised, the blade is modified to investigate the

effect of non-radial fibre parameters. The radii and rotational speed are kept constant

to limit the number of variables for optimisation. A sensitivity study was carried out

as part of the surface response for the optimisation of the non-radial fibre parameters,

with this the impact of each parameter on efficiency can be assessed.

The results of this analysis are summarised in Fig. 5.8. An optimum αnozzle,3 around

68◦ can be guessed from the correlation of this parameter with efficiency, as shown in

Fig. 5.8(a). This trend is possibly the result of the effect of αnozzle,3 on the incidence

angle. The incidence angle, i, is the difference between the flow angle into the rotor in

the relative frame of reference, βflow,4 and the blade angle at the leading edge, βblade,4.
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Optimum incidence, around −20◦ to −40◦ as reported in the literature [18], leads to

low leading edge losses and high efficiency. Assuming there is no deviation and the free

vortex effect in the interspace is negligible, αnozzle,3 is equal to the flow angle into the

rotor in the absolute frame of reference, αflow,4. In this way, the incidence angle can be

expressed using velocity triangles [18], as indicated in Eq. 5.3. Contrarily to αnozzle,3,

βblade,4 seems to have small correlation with efficiency (Fig. 5.8(b)).

i = βflow,4 − βblade,4 = tan−1

(
C4 sinαflow,4 − U4

C4 cosαflow,4

)
− βblade,4 (5.3)

Other parameters show a strong correlation with efficiency, γupper,TE and νTE , as shown

in Fig. 5.8 (c) and (d), respectively. Lower νTE and higher βshourd,TE lead to high

performance. γlower had minimum impact on efficiency, as the fitting curves are flat

for the leading edge and trailing edge shown in Fig. 5.8 (e) and (f).

The results of the sensitivity analysis were used for the optimisation. Table 5.4 sum-

marises the values of the non-radial fibre parameters and the resulting efficiency and

MFP of the optimised geometry. The radii and rotational speed were the same as the

radial fibre optimised geometry presented in the previous section and summarised in

Table 5.3.

The camberline of both the radial design and non-radial fibre design are shown in Fig.

5.9. The radial fibre blade is defined by a single camberline, while the projection of

the blade of the non-radial fibre design with planes at different span locations result in

different camberline curves.

The achieved ηts of the non-radial fibre design was +0.27 pp higher than the radial

fibre design performance. The MFP also increased by 5.18%. In order to understand

and validate the small performance improvement of the non-radial fibre blade design

compared to the radial fibre baseline, experimental tests were carried out. The analysis

and results of this experimental campaign are described in Section 5.5.
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Figure 5.8: Sensitivity analysis of ηts as function of (a) nozzle vane metal angle nozzle
vane, αnozzle,4, (b) rotor blade metal angle at the leading edge, βblade,4, (c) tangential
angle of the non-radial fibre at the upper end with the leaned straight fibre at trailing
edge, γupper,TE , (d) lean angle at the trailing edge, νTE and tangential angle of the
non-radial fibre at the lower end with the leaned straight fibre at (e) the leading edge,
γlower,LE , and (f) the trailing edge, γlower,TE and fitting curves (solid line) for CFD-
based sampling
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Table 5.4: Optimised non-radial fibre geometry and design space based on the CFD
approach

Parameter CFD-based

Optimisation Variables

αnozzle,4 [◦] 70.23 [62.0-80.0]

βblade4 [krpm] 24.02 [0.0-30.0]

γupper,TE [◦] 0.29 [-20.0-20.0]

νTE [◦] -9.66 [-20.0-20.0]

γlower,LE [◦] 14.05 [-20.0-0.0]

γlower,TE [◦] 19.47 [-30.0-30.0]

Fixed Parameters

Number of blades 11

Number of vanes 13

Tip clearance [mm] 0.5

Zr [mm] 24.2

Results

ηts [%] 83.20

b4 [mm] 8.93 [>2.00]

MFP [kgs−1K0.5Pa−1] 2.03e-5

Number of geometries 200
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Figure 5.9: Comparison of the camberlines for the radial fibre blade and non-radial fibre
blade at three different span locations
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5.4 Losses and CFD Analysis

In order to further analyse and explain the difference in performance between the two

designs, the entropy generation across the different components was calculated, as an

indication of energy losses. The losses at the turbine stage, ∆hloss, are proportional

to the entropy change, ∆s, across the turbine [128]. The entropy generation of an

adiabatic process, such as a fluid expansion in a turbine, can be regarded as the entropy

change across the turbine, according to Eq. 5.4 [123]:

dWloss = TdṠgen = T ((sdṁ)out − (sdṁ)in) (5.4)

Total-to-total efficiency, unlike total-to-static, assumes by definition that all the exit

energy is recovered; therefore this efficiency definition is more useful when comparing

designs in a complete stage [18]. The expansion process of a perfect gas between

two states is shown in the T-s chart of Fig. 5.10. The blue line describes the actual

expansion process, while the green line shows the ideal, isentropic process.
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Figure 5.10: Thermodynamic T-s chart of an expansion process
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The total-to-total efficiency depends exponentially on the entropy increase across the

stage, the derivation of the equation is as follows. Considering the adiabatic expansion

of a perfect gas between states 1 and 2, the entropy generated can be calculated from

Eq. 5.5:

Ṡgen = ṁsgen = ṁ∆s = ṁ (s2 − s1) = ṁ

(
cp · ln

(
T2
T1

)
−Rln

(
P2

P1

))
(5.5)

Looking at the T-s chart in Fig. 5.10, s2 − s1 is equal to s02 − s01, which leads to Eq.

5.6. In the same chart, the entropy change in the isentropic process between 01 and

02E, can be modelled according to Eq. 5.7. State 02E is the equivalent isentropic state

at the same temperature as state 02. This state is defined only for derivation purposes

and does not correspond to a real physical state during the expansion process.

s2 − s1 = s02 − s01 = cp · ln
(
T02
T01

)
−Rln

(
P02

P01

)
(5.6)

s02E − s01 = cp · ln
(
T02E
T01

)
−Rln

(
P02E

P01

)
= 0 (5.7)

Considering that T02E = T02, s02E = s01 and combining Eq. 5.6 and Eq. 5.7,

s2 − s1 = s02 − s01 = Rln

(
P02E

P02

)
→ P02E

P02
= e

∆s
R (5.8)

The total-to-total efficiency can be defined as the ratio between the actual and isentropic

total-to-total power, which is equal to the ratio of the total temperature difference for a

perfect gas. Dividing this equation by T02s and combining using the isentropic relation

and T02E = T02, gives Eq. 5.9:

ηtt =
Ẇact

Ẇiso,tt

=
T01 − T02
T01 − T02s

=
T01
T02s

− T02E
T02s

T01
T02s

− 1
=

(P01
P02

)
n−1
n − (P02E

P02
)
n−1
n

(P01
P02

)
n−1
n − 1

(5.9)

Combining Eq. 5.8 and Eq. 5.9 leads to the final expression relating the ηtt and the
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∆s in Eq. 5.10, where PRtt is the total-to-total pressure ratio across the expansion

process.

ηtt =
(P01
P02

)
n−1
n − e

∆s
R

n−1
n

(P01
P02

)
n−1
n − 1

=
PR

n−1
n

tt − e
∆s
R

n−1
n

PR
n−1
n

tt − 1
(5.10)

Furthermore, the rotor domain was divided into several regions and the entropy gener-

ation across each of them was assigned to a different loss mechanism, the regions were

summarised in Chapter 4 and highlighted in Fig. 4.5. The loss breakdown, as entropy

generated per unit mass flow, across the rotor and the other components is shown in

Fig. 5.11.
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Figure 5.11: Distribution of the entropy generation per unit mass flow for the radial
fibre and non-radial fibre designs

Overall, the entropy generation across the whole turbine was lower for the non-radial

fibre design, Fig. 5.11, in agreement with the resulting higher efficiency. When com-

paring the non-radial fibre design to the radial fibre design, exit duct and passage losses

increased 22% and 11%, respectively; tip leakage losses remain the same and nozzle,

trailing edge and leading edge losses decreased by 11%, 39% and 80% respectively.

The decrease in the leading edge losses is possibly the results of to a better alignment

of the flow with optimum incidence angle. From an aerodynamic point of view, the

optimum incidence angle lies between -20 and -40 degrees [18]. Figure 5.12 shows the

incidence angle at the rotor inlet for the radial fibre and non-radial fibre designs.

As described in Eq. 5.3, incidence depends on the relative angle of the flow when
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approaching the leading edge and the blade angle at the leading edge. Figure 5.12 (b)

shows a lower (more negative) incidence angle for the non-radial fibre design compared

to the radial fibre design shown in Fig. 5.12 (a). The average incidence for the radial

fibre design was iradialf = −20.45◦ and the non-radial fibre design had an average

incidence of inon−radialf = −46.73◦. Lower incidence (more negative) seemed to reduce

the entropy generation at the rotor leading edge and limit the flow separation in this

region.

(a)

(b)

(c)

Figure 5.12: Incidence angle at the leading edge of the (a) radial fibre and (b) non-radial
fibre designs

As indicated in Eq. 5.10, ηtt can be linked to the entropy change. If applied to rotor only,

Eq. 5.11 shows the relation between the ηtt,rotor with the total-to-total pressure ratio

across the rotor, P04
P06

, and the specific entropy change across the rotor, ∆srotor, which

corresponds to the entropy generation per unit mass for adiabatic processes discussed

in Fig. 5.11(b). Comparing the total-to-total efficiency of the two designs, the non-

radial fibre rotor achieved a ηtt,rotor = 90.07%, 0.3pp higher than the radial fibre rotor.

Since the pressure ratio across the rotor remained constant for the two geometries, the
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reduction in entropy generation was the only factor explaining the increase in ηtt,rotor.

ηtt,rotor =
Ẇact

Ẇiso,tt,rotor

= 1− ∆hROTOR

cpT04

(
1− P04

P06

−n−1
n

) =
P04
P06

n−1
n − e

∆srotor
R

n−1
n

P04
P06

n−1
n − 1

(5.11)

Reduction in entropy generation implies reduction in losses and therefore, higher actual

power recovered in the rotor. The increase in actual power in the non-radial fibre design

can also be observed when compared to the blade loading as shown in Fig. 5.13. The

blade loading of the non-radial fibre improves at the midspan and tip, as indicated by

the arrows in Fig. 5.13(b) and (c). The blade loading increase occurs at the leading

edge and at the middle of the passage. Higher loading means higher power recovered

which increases the efficiency of the turbine.

The flow field analysis of the two optimum designs with radial and non-radial blading,

was explained based on CFD results. These numerical results are supported by experi-

mental data obtained from the actual designs. A summary of the experimental results

is included in the next section.

5.5 Experiments Results

The experimental results of this study were obtained in the turbine test facility at

Imperial College London, Fig. 5.14 (a). A detailed description of this experimental

facility can be found in Chapter 3 and in the literature [129]. The turbine geoemtries

were scaled down to fit in the test rig. The scaled-down wheel radius, r4, was set to

38mm, which effectively leads to a scale factor of 0.93 for all the linear dimensions.

Angles were kept constant.

Total-to-static efficiency is calculated as the ratio between the actual power and the

isentropic power, as shown in Eq. 5.12. The actual power of the turbine, Ẇact is

derived from the torque, τ , and rotational speed in revolutions per second, ns. The

isentropic power, Ẇisen is calculated from the mass flow, ṁ, inlet temperature, T01,

pressure ratio, PR and specific heat at constant pressure, Cp.
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Figure 5.13: Blade loading of the radial and non-radial fibre design at different span
locations: (a) hub, (b) midspan and (c) blade tip
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Figure 5.14: Experimental set up (a)Turbine rig and (b) Section view of the full assembly
consisting of common volute (purple), nozzle insert for radial and non-radial fibre designs
(orange) and radial and non-radial fibre rotor wheels (grey)

ηts =
Ẇact

Ẇisent

=
τns

ṁcpT01

(
1− PR

−n−1
n

ts

) (5.12)

To minimise the manufacturing cost, a new stator assembly was designed consisting of

a single volute and two nozzle inserts, one for the radial fibre rotor and another one

for the non-radial fibre rotor, as shown in Fig. 5.14 (b). The volute, which has no

area reduction, distributes the flow around the nozzle inlet and was printed using laser

sintering in glass fibre nylon polyamide 12, it is shown in Fig. 5.15. The nozzle inserts

are secured to the volute by 6 bolts and were metal printed in aluminium, as shown in

Fig. 5.16.
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Figure 5.15: Front view of the manufactured volute

(a) (b)

Figure 5.16: Manufactured nozzle inserts for the: (a) radial fibre rotor (b) non-radial
fibre rotor

The rotor wheels of the radial and non-radial fibre designs were manufactured by CNC

machining of Al7075, an aluminium alloy with zinc. Figure 5.17 (a) and (c) show front

and top views of the radial fibre rotor, while (b) and (d) show the non-radial fibre rotor

after manufacturing. More details on the manufactured parts for this experimental

campaign can be found in Appendix A

The experimental tests of both designs were carried out at steady state conditions at

three different rotational speeds, 20,000, 28,000 and 38,000 rpm, for a range of static

pressure ratios, PR, varying from 1.06 to 2.4. Figure 5.18 shows the experimental results

of the two designs compared to the CFD results for one speedline, 28,000 rpm.

Efficiency and mass flow parameter results showed good agreement between CFD and

experiments (around 2.5- 2.8 pp -percentage points - average deviation), as shown in
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(a) (b)

(c) (d)

Figure 5.17: Manufactured rotor wheels: (a) front view and (c) top view of the radial
fibre rotor and (b) front view and top view (d) of the non-radial fibre rotor

Fig. 5.18 (a). At low velocity ratios, 0.3 to 0.65, the non-radial fibre design shows

a consistent improvement in efficiency of 3.3 pp compared to the radial fibre design.

Around peak efficiency point and velocity ratio 0.7, the non-radial fibre design show

2.03 pp higher efficiency than the radial fibre design in experiments. CFD results show

smaller difference in performance between the two designs at peak efficiency, only 0.9

pp.

However, at high velocity ratio, above 0.7, the radial fibre design performs better than

the non-radial fibre design. The performance improvement between non-radial fibre

rotors and equivalent radial fibre rotors was higher at low velocity ratios than at the

design point and high velocity ratios. This effect has also been observed by previous

studies [43, 103], were non-radial fibre rotors outperformed the radial fibre baselines at

the same velocity ranges as the turbines analysed in this chapter.

This effect can be explained by the lower incidence angle of the non-radial fibre design,
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Figure 5.18: Experimental (circle marker) and CFD (solid line) performance results for
the radial fibre design (red) and non-radial fibre design (blue) for the design speedline,
28, 000rpm: (a) ηts as function of the velocity ratio, (b) ηts as function of the PR and
(c) MFP as function of the PR, with an arrow indicating the operating point
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which is closer to the optimum incidence angle at low velocity ratios than the incidence

of the radial fibre design. However, at high velocity ratios the incidence angle of the

non-radial fibre design is too low, penalising the total-to-static efficiency more than in

the radial fibre design. The velocity triangles in Fig. 5.19 show how the incidence angle

varies with the operating condition
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Figure 5.19: Velocity triangles at the rotor inlet showing the incidence angle for the
radial and non-radial fibre rotors at a constant rotational speed (constant U4), but
different velocity ratios, U/Cis: (a) high U/Cis, (b) design point U/Cis and (c) low
U/Cis.

Figure 5.18 (c) shows an increase in the swallowing of the non-radial fibre design,

especially at high pressure ratios (equivalent to low velocity ratio) to a maximum of

3.9% increase in MFP at the highest PR.



182 Chapter 5. Electric Turbocompunding Turbine Design

These experimental results also validate the CFD simulations used for performance

prediction in the parametric model calculations. Although the CFD results shown in

Figure 5.18 take into account the full assembly of the turbine (volute, nozzle, rotor and

outlet pipe), the performance and trend of the single passage simulations for the radial

and non-radial fibre designs are in agreement with the full stage simulations and the

experiments. This can be seen in Table 5.5, which compares the efficiency at design

point predicted by different CFD set up and experiments. Additional experimental and

CFD results can be found in Appendix B.

Table 5.5: Predicted efficiency by different CFD set up and experiments for the two
optimised geometries, the radial fibre and the non-radial fibre designs

Set up Radial fibre ηts[%] Non-radial fibre ηts[%]

Single passage CFD 82.93 83.20]

Full stage CFD 82.55 83.14

Full stage with volute CFD 79.22 80.18

Experiments 76.09 78.13

5.6 Structural Analysis

Structural analysis of both the radial and non-radial fibre rotor wheels was carried out

prior to manufacturing to ensure their structural integrity during the experiments. Using

the setup introduced in Chapter 3, the equivalent stress and the maximum principal

stress were calculated and compared to the yield strength of the material. The radial

displacement was also monitored and compared to the tolerances and the tip clearance

of the turbine.

Figure 5.20 shows the equivalent stress distribution in the rotor wheels. The calculations

concluded that the non-radial fibre design showed, as expected, higher stresses compared

to the radial fibre design, particularly at the blade root. The maximum equivalent stress

went from 89.2 MPa at the blade root in the radial fibre design to 129.6 MPa, an

increase of 45%. At other locations of the rotor wheel such as the leading edge and

the blade surface, the equivalent stress also increased in the non-radial fibre design, as

shown in Fig. 5.20.
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However, the maximum equivalent stress of the non-radial fibre design (129.6 MPa)

remained below the yield strength of the material (480MPa), leading to a safety factor

of 3.7, concluding the non-radial fibre designs are structurally safe like the radial fibre

design. The highest maximum principal stress was also below the yield strength of the

material and was found to be 41 and 68 MPa at the blade root for the radial fibre and

non-radial fibre designs, respectively.

Centrifugal loads lead to the deformation of the material, which results in the reduction

of the clearances between the rotor and the casing. Figure 5.21 shows the deformation

in the radial direction of the radial fibre (a) and non-radial fibre (b) designs.

(a) (b)

Figure 5.20: Equivalent stress distribution in (a) the radial fibre rotor and (b) the
non-radial fibre rotor. Values are in MPa

(a) (b)

Figure 5.21: Radial deformation in (a) the radial fibre rotor and (b) the non-radial fibre
rotor. Values are in mm
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The non-radial fibre rotor shows greater deformation in the radial direction compared to

the radial fibre design, particularly in the tip of the blade at the trailing edge. However,

this maximum deformation is less than 10% of the tip clearance, not risking the normal

operation of the turbine.

5.7 Chapter Summary

A systematic study of the influence of traditional design parameters, but also 3D blading

parameters on efficiency of radial turbomachinery for ETC applications was carried out

in this paper. A 3D parametric model coupled with CFD was developed to evaluate the

effect of each parameter by performing a sensitivity study, but also to optimise a radial

fibre and a non-radial fibre geometries.

The two optimised geometries were tested experimentally showing increased efficiency

of the non-radial fibre geometry compared to the radial fibre baseline geometry, of

2.03pp at the design operating point. The experimental results also validated the CFD

simulations which explained the improved performance. Non-radial fibre blading reduced

the entropy generation, especially at the leading edge and improved the blade loading.
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Conclusions

This research focuses on turbine design for waste heat recovery applications in offshore

platforms. Waste heat recovery has a high potential in oil and gas offshore platforms,

but only a few studies have investigated the use of organic Rankine cycle systems, and

no research has looked at combining waste heat recovery technologies. The technology

used in automotive applications, known as electric turbocompounding, has different

conditions than turbocharger turbines and requires special attention during design to

ensure high efficiency at low pressure ratios and low rotational speed, as applications

require. ORC technology has been successful at recovering energy from waste heat

streams, but designing ORC turbines can be challenging due to the high pressure ratio

and the need to consider the non-ideal gas behaviour of refrigerants.

In terms of expander design, meanline models and physically based equations have been

used to predict performance, but low-order models do not accurately capture the impact

of certain geometry modifications. In addition, loss coefficients from the literature are

not accurate for the unconventional boundary conditions of these applications. The

boundary conditions for the turbine design carried out in this research for ETC and

ORC systems are set based on the pilot plant currently in progress in UTM as part of

the main project funded by MTJA.

This chapter summarised the main conclusions that have been obtained from this work,

in the areas of the meanline model development and its accuracy, the 3D parametric

185
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model development and the understanding of the effects of 3D geometry and non-radial

fibre blading modifications on the performance of the turbine. Finally, some ideas for

future work are discuss at the end of the chapter, related to the meanline model, the

parametrisation of the geometry and the pilot plant.

6.1 Conclusions

In the introduction of this thesis the key objectives were set out. These are answered

one by one in this conclusion. .

1. Development of low order model for turbine design based on physical

principles accounting for real-gas effects.

This investigation developed the methododology for designing and optimising

radial turbine performance. The first approach consisted of a 1D meanline model.

The meanline model was used to predict the performance of the turbine consisting

of a nozzle and a rotor and was calibrated using computational fluid dynamics

(CFD) data.

Non-ideal gas effects were taken into account by using thermodynamic property

database (COOLPROP) which calculated the fluid properties (density, pressure,

temperature, enthalpy, entropy) at each station. Different subroutines were devel-

oped to calculate the performance of the turbine under different operating modes:

rotor and nozzle unchoked; nozzle choked and rotor unchoked; nozzle unchoked

and rotor choked, and both nozzle and rotor choked.

Single passage CFD dataset of 5 designs was used to calibrate the model using

a GA multi-objective algorithm for each of the applications, ORC and ETC. The

aim of the calibration algorithm was to minimise the efficiency and mass flow

relative root mean square error (RRMSE) between the meanline prediction and

the CFD results. After the calibration, the efficiency and mass flow RRMSE of

the calibration dataset for the ORC application was 0.82% and 0.3%, respectively

and the RRMSE of the whole sample was 2.6% for efficiency and 2.8% for mass

flow. The same process was repeated for the ETC application, the efficiency and
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mass flow RRMSE of the calibration dataset was 0.98% and 1.09%, while the

efficiency RRMSE of the whole sample was 2.9% and the mass flow RRMSE was

3.1%.

In addition to calculate the performance of a given turbine at different operating

conditions the meanline model was coupled to a genetic algorithm optimiser to

obtain an optimum turbine geometry for the boundary conditions of the ORC

and ETC applications, exploring a wide design space. Optimised designs were

obtained for ORC and ETC turbines achieving a total-to-static efficiency predicted

by meanline of 79.98% and 82.86%, respectively.

2. Investigation of the accuracy of the low order model in terms of loss

distribution, mass flow and efficiency with air and organic fluids.

The meanline model developed was able to accurately predict efficiency and mass

flow, however, the loss breakdown prediction was not in agreement with CFD

results. This limitation of meanline modelling was observed after comparing the

loss breakdown obtained by meanline with the loss breakdown obtained from

entropy generation analysis of the CFD results, for the 5 turbine geometries used

for calibration.

Meanline after the first calibration with ORC and ETC configurations was able

to predict trends in loss distribution (i.e designs with higher incidence losses in

CFD showed also higher incidence losses in meanline compared to other designs).

However, the model overpredicted incidence losses in the ORC configuration and

passage losses were overpredicted in the ETC configuration.

To overcome this limitation, a second multi-objective calibration was carried out

considering the RRMSE in efficiency, mass flow and the contribution of each

loss mechanism to the rotor overall losses (incidence losses, passage losses, tip

clearance losses and trailing edge losses). After this second calibration, the loss

breakdown prediction improved and was closer to the CFD results. However,

while the error in loss distribution decreased, the error in efficiency prediction

increased. The RRMSE in efficiency calculated from the calibration dataset for

the ORC application was 4.4% and 3.6% for the ETC application.
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Meanline model fails to accurately predict the loss breakdown in radial turbines.

Instead, CFD can provide a more clear answer by analysing the flow field and

identifying high entropy generation regions. On the other hand, the different loss

mechanisms in radial turbomachinery (incidence, passage, tip leakage and trailing

edge losses) cannot be entirely isolated, since there usually are complex flow

structures that induce, interact and merge with other structures. This suggests

that modified loss correlations based on radial turbomachinery are needed to

account for that complexity.

3. Proposal of a 3D parametric blading model that enables the generation

of designs exploring a wide design space of radial and non-radial blading

designs.

The 3D parametric model was used to improve upon the predictions of the mean-

line model and overcome its limitations, particularly for predicting the impact on

the efficiency of changes to the geometry of the rotor. This model is more com-

putationally intensive but provides more accurate predictions and better insight

into the impact of geometry modifications on the flow field.

Built using CAESES, the parametric model used the meanline design parameters

(radii, blade and vane angles and rotational speed) and additional 3D parameters

(blade thickness, tip clearance, among others). This is enough to generate a

radial fibre blade rotor and a nozzle.

Cone angles, ψ, are used to modify the shroud and hub contours without changing

the meridional shape or the blade angles. Meanline modelling cannot predict the

impact of these 3D modifications on efficiency, therefore is essential to evaluate

them using the CFD approach.

A novel parametrisation of the blade is developed by modifying each blade fibre,

introducing extra parameters (ν, γlower, γupper) that transform the blade into

non-radial fibred rotor and these can control the rotor blade inlet angle, βblade,4.

The fluid domain of the nozzle and the rotor are exported and the performance

is calculated using single passage CFD simulations. The automated model was

able to generate hundreds of different geometries for sensitivity analysis and op-
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timisation for the different applications.

First, the nozzle and rotor (with a radial fibre blade configuration) were optimised

and compared with the meanline optimised designs based only on the same design

parameters as the meanline model. The sensitivity analysis of the main design

parameters, prior to the optimisation, showed a weak correlation with efficiency,

that is, a high-efficiency turbine design is possible with different values of the

design parameters. Only the rotational speed showed a clear optimum value for

the highest efficiency in both ORC and ETC applications.

The optimised geometries using this design approach achieved an efficiency of

81.29% and 82.93% for the ORC and ETC turbines, respectively. This represents

an efficiency improvement of 1.31pp for the ORC turbine compared to the design

obtained after the meanline optimisation. The ETC design obtained by both

approaches showed essentially the same efficiency. After adding a volute, the

ETC radial fibre design was tested experimentally at the Imperial College turbine

test rig, which has been widely used in previous research. The good agreement

with the CFD data validates the 3D-parametric methodology.

4. Understanding the effects of non-radial blading and other 3D geometry

modifications on turbine design and exploration of the flow field with an

experimentally validated CFD method.

Once the baseline designs with radial fibre blade configurations were optimised

for the ORC and ETC turbines, the rotor blade geometry modifications were

introduced to investigate the effects on efficiency.

For the ORC application, the effect of different cone angles at the leading and

trailing edge of the hub and shroud contours was investigated. For the same

meridional geometry in terms of radii, blade height and blade angles, a maximum

of 2pp efficiency difference was found between the best and the worst design

after a sampling varying the cone angles. The hub cone angle at the leading

edge, ψhub,in and the shroud cone angle at the trailing edge ψshroud,out had a

strong correlation with efficiency. Values of ψhub,in close to 90◦ lead to high

efficiency designs, and the same occur for values of ψshroud,out close to 0◦. The
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correlation of the other two cone angles, ψhub,out and ψshroud,in, with efficiency

was rather weak. High efficiency was obtained for designs with any value of

ψhub,out and ψshroud,in within the ranges tested, from 0◦ to 30◦ and from 60◦ to

90◦, respectively.

For the ETC application, non-radial fibre blades were investigated by introducing

modifications to the blade shape. After the sensitivity analysis, it was seen that

some of the parameters had a strong correlation with efficiency. The highest

efficiency was achieved when αnozzle was around 70◦ and at lowest νTE , around

−20◦. High values of γupper,TE and γlower,TE around 20◦ lead also to high-

efficiency designs. Weak efficiency sensitivity was found when varying βblade,4

and γlower,LE .

The optimised non-radial fibre geometry was compared to the radial fibre design,

showing an efficiency increase of 0.3pp in single passage simulations and 0.6pp in

full-stage simulations. The performance improvement was explained by a lower

(more negative) incidence angle of i = −46.73◦ compared to the incidence of i =

−20.45◦ in radial fibre design. The increased blade loading was also responsible

for the better performance of the non-radial fibre design, mainly at the midspan

and the tip.

The optimised non-radial fibre geometry was manufactured and tested at Imperial

College facilities using the same volute as the radial fibre design. The experimental

campaign confirmed the improved performance between the non-radial fibre design

and the radial fibre design, with 2pp of efficiency increase at the design point.

6.2 Future Work

6.2.1 Meanline Modelling

The present work highlighted some limitations of meanline modelling. However, more

research is needed to investigate different combinations of loss correlations available in

the literature to check if there is any additional improvement. Moreover, modifying
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the current correlations or developing new ones could be useful to overcome meanline

limitations.

Highly detailed experiments would be needed to potentially measure the flow velocity

in key turbine stations. Volute, interspace and diffuser equations could be added to the

meanline model to make it more realistic when comparing to the experiments.

The meanline model developed can work with any ideal or non-ideal fluid, but investi-

gations were only carried out with air and R1233zd(E). In ORC applications, mixtures

of organic fluids are getting more attention lately due to the ability to ’tailor’ the mix-

ture properties to the application. Implementing mixtures as working fluids in meanline

modelling is an essential step if turbines want to be designed for this application.

6.2.2 Geometry Parametrisation

Additional parameters could be introduced to make the 3D-parametric model more

flexible and complete. For instance, mixed flow turbine configurations could be param-

eterise by replacing the radius at the rotor inlet r4 by two parameters, the hub and the

shroud radius at the rotor inlet r4h and r4s.

In addition, the incidence angle could be used as a design or control parameter during

the optimisation. Incidence could be evaluated using the CFD results in each iteration

and the nozzle angle, αnozzle, the blade angle at the leading edge, βblade,4 and among

other parameters could be adjusted until the desire incidence angle is obtained. In fact,

incidence could be set as a distribution rather than a single value if that leads to higher

efficiency and a cleaner flow field in the rotor.

Moreover, additional components could be parameterised in order to increase the fi-

delity of the numerical model. Although that would increase the computational time

significantly, it could be useful for the last stage of the optimisation, where small geom-

etry modifications could increase the efficiency slightly. This way, the volute could be

parameterised testing different shapes and connections with other components of the

system upstream.
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In the ORC application, the development of a parametric model of a convergent-

divergent nozzle could be an interesting topic to explore supersonic turbine designs.

At high pressure ratios choking conditions at the nozzle outlet are common. In fact,

all the designs considered in this work, where PR = 9.0., had the nozzle choked. An

adequate design of a convergent-divergent nozzle could allow a supersonic expansion

without generating high shock wave losses. Nozzle supersonic expansions and the ef-

fects on the rotor flow field and the turbine performance are topic worth investigating

as part of future work.

6.2.3 Pilot Plant Experiments and Combination of Technologies

While ORC experimental facilities for testing radial turbomachinery are available, there

is currently no facility for testing the combination of different WHR technologies. How-

ever, one of the academic partners on this project, UTM, is building an experimental

facility to replicate waste heat stream conditions and test the combination of WHR

technologies. As part of the main project in waste heat recovery technology, both

technologies, ETC and ORC will be tested experimentally at the pilot plant. This will

provide high-value experimental data of integrated waste heat recovery technologies.

Furthermore, the methodology developed in this thesis will be used to optimise the

turbine geometries for a coupled system of ETC and ORC. Since both turbines will be

on the same shaft the rotational speed will be a common parameter. Using the same

shaft and keeping the rotational speed below 30, 000rpm eliminates the use of a gearbox

when connecting to the high-speed generator and reduces the use of extra components.

This will lead to a compact waste heat recovery solution that will maximise the power

recovered while minimising the implementation cost and footprint.
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Appendix A

Manufactured Parts

This Appendix includes the CAD drawings of the parts (volute, nozzles, rotors and exit

duct) manufactured for the ETC testing at Imperial College facilities. Key dimensions

are included in the drawings in mm units.

208



209

F
ig
u
re

A
.1
:
C
A
D

d
ra
w
in
g
of

th
e
ra
d
ia
l
fi
br
e
ro
to
r



210 Appendix A. Manufactured Parts

F
igu

re
A
.2:

C
A
D

d
raw

in
g
of

th
e
n
on

-rad
ial

fi
bre

rotor



211

F
ig
u
re

A
.3
:
C
A
D

d
ra
w
in
g
of

th
e
n
oz
zl
e
fo
r
th
e
ra
d
ia
l
fi
br
e
ro
to
r



212 Appendix A. Manufactured Parts

F
igu

re
A
.4:

C
A
D

d
raw

in
g
of

th
e
n
ozzle

for
th
e
n
on

-rad
ial

fi
bre

rotor



213

F
ig
u
re

A
.5
:
C
A
D

d
ra
w
in
g
of

th
e
vo
lu
te



214 Appendix A. Manufactured Parts

F
igu

re
A
.6:

C
A
D

d
raw

in
g
of

th
e
exit

d
u
ct



Appendix B

Experimental Results

All the experimental and CFD results compared between the radial fibre and non-radial

fibre designs are summarised in Fig. B.1 and Fig.B.2 and Fig. B.3 for rotational speeds

of 20, 000rpm, 28, 000rpm and 38, 000rpm, respectively. All the experimental results

at different rotational speeds are compared in Fig. B.4 for the radial fibre design and

Fig. B.5 for the non-radial fibre design.
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Figure B.1: Experimental (circle marker) and CFD (solid line) performance results for
the radial fibre design (red) and non-radial fibre design (blue) for the design speedline,
20, 000rpm: (a) ηts as function of the velocity ratio, (b) ηts as function of the PR and
(c) MFP as function of the PR
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Figure B.2: Experimental (circle marker) and CFD (solid line) performance results for
the radial fibre design (red) and non-radial fibre design (blue) for the design speedline,
28, 000rpm: (a) ηts as function of the velocity ratio, (b) ηts as function of the PR and
(c) MFP as function of the PR
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Figure B.3: Experimental (circle marker) and CFD (solid line) performance results for
the radial fibre design (red) and non-radial fibre design (blue) for the design speedline,
38, 000rpm: (a) ηts as function of the velocity ratio, (b) ηts as function of the PR and
(c) MFP as function of the PR
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Figure B.4: Experimental performance results for the radial fibre design at different
rotational speeds: (a) ηts as function of the velocity ratio, (b) ηts as function of the
PR and (c) MFP as function of the PR
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Figure B.5: Experimental performance results for the non-radial fibre design at different
rotational speeds: (a) ηts as function of the velocity ratio, (b) ηts as function of the
PR and (c) MFP as function of the PR
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