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ABSTRACT

Shaft seals control the leakage of fluid between areas of high pressure and low
pressure around rotating components inside turbomachinery. Static seals are often
subject to damaging rubs with the shaft, caused by assembly misalignments and
rotordynamic vibrations during operation. Adaptive seals aim to reduce leakage flows
whilst minimizing wear. The Film Riding Pressure Actuated Leaf Seal (FRPALS) is one
such design which utilizes a large installation clearance and is blown down towards the
shaft under pressure.

This paper presents a numerical model which can be used in the design and
development of adaptive shaft seals, validated by experimental data from the literature.
The model uses a modified version of the Reynolds equation to predict the dynamic,
frequency-dependent stiffness and damping coefficients of the fluid film. The dynamic
coefficients have been solved for different operational clearances and pressure
differences to generate coefficient maps. These maps have been incorporated into a

blow down model with compliant mechanical leaves to predict the transient
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translational and angular displacement paths of the FRPALS when subject to an
increasing pressure drop.

The blow down model has been compared against experimental measurements
collected from a specially designed test facility for the characterization of shaft seal
performance. Eddy current probes were used to measure the displacement paths of the
FRPALS with the experimental values showing that the model can accurately predict

the dynamic movement of the seal when subject to a pressure difference.

1 INTRODUCTION

Sealing in turbomachinery is one of the most cost-effective methods of enhancing
engine efficiency and performance [1], critical to reaching net-zero power generation
and propulsion. Shaft seals play a crucial role in the Secondary Air System (SAS), used
to cool critical parts in the turbine, seal bearing chambers and balance forces on high-
pressure components. Figure 1 shows a cross-section of a typical high bypass aircraft
engine with several key sealing locations in the SAS network highlighted. These seals
are used to control the clearance and control leakage flows between rotating and static

components.
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Figure 1: Cross-section of a high by-pass engine with a cut-away showing a

simplified SAS and several key sealing locations.

Labyrinth seals are typical in gas turbines; they are simple in design, of relatively
low cost to manufacture and allow shaft rotation in either direction. However, labyrinth
seals suffer from rubs that increase leakage and often lead to aero-elastic instabilities.
Compliant designs such as brush seals can be manufactured to minimize the clearance
with the rotor, achieving reduced leakage and increased rub tolerance. They can
accommodate excursions of the rotor due to start-up and shut-down operations and
other transient procedures but can be damaged under large eccentric motion, resulting
in wear and reduced operational life.

To address the performance limitations of traditional turbomachinery seals, a new
generation of adaptive sealing technology is currently under development. One such
example is the Film Riding Pressure Actuated Leaf Seal (FRPALS), a non- contacting
compliant seal that can adapt to varying clearances without rubbing, while maintaining
low leakage. This seal features a large installation clearance to allow for eccentric shaft

motion under low pressure, and will blow down towards the rotor at operating
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conditions, decreasing the clearance to minimize leakages. This process is demonstrated
in Fig. 2 (a), where the seal design is shown to comprise of a hydrodynamic runner
connected to a seal housing via a series of compliant leaves. The upstream leaves are
used for positioning and allow for the outer surface of the runner to be subjected to
high-pressure flow. The downstream sealing leaves reduce the leakage flow passing
through the seal. The runner features a Rayleigh Step on the inner surface to generate a
pressure gradient so that the seal film rides. The resulting fluid film in between the shaft
and runner prevents the seal from contact with the rotor. To fully seal around the
circumference of the shaft, the FRPALS is made up of segments which can actuate

independently of one another. They are held together in the casing as shown in Fig 2

(b).
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Figure 2: (a) FRPALS blow down when pressurized and the Rayleigh step
geometry in detail view. (b) 3D view of segment in-situ showing the section plane

of 2D projection in the center of the runner.

The force from the working fluid can be conveniently modeled as a spring-damper
system with a stiffness, K, and damping, C, a method developed by Black [1] and Childs
[2]. This concept may be further expanded to a 360° fluid film with both direct and
cross-coupled dynamic coefficients. A positive direct stiffness (K) and direct damping

(C) are stabilizing. However, a positive cross-coupled stiffness (k) would excite the

GTP-23-1368 Scobie 5



rotor and should be minimized for a dynamically stable system [3]. The magnitude of
force from the working fluid depends on the seal clearance. This means that the
clearance affects the stability of the system and so must be considered throughout the
design process [4].

This paper presents a numerical approach for predicting the dynamic coefficients
and blow down behavior of an adaptive seal. The Reynolds equation [5] is used to
predict the pressure distribution in the thin fluid film. Results from the numerical model
were then compared with experimental measurements of the FRPALS from a dynamic
high-speed rig for two runner geometries.

Section 2 discusses different sealing technologies and theoretical techniques used
to model their behavior. Section 3 presents a numerical model for predicting dynamic
coefficients, which are then used in Section 4 to determine the compliant seal dynamic
behavior. The model incorporates the Reynolds equation to predict the dynamic film
pressures, together with experimentally determined mechanical leaf characteristics. The
predictions of the dynamic coefficients and blow down are compared with experimental

results and shown to be accurate for two FRPALS geometries.

2 LITERATURE REVIEW

Labyrinth seals are a common sealing solution in turbomachinery that can withstand
very large pressure drops of over 300 bar [6]. The leakage flow is restricted through a
series of cascading cavities, which maximizes internal frictional forces and turbulence,
thereby dissipating the kinetic energy of the working fluid [7]. The acceleration and

deceleration of the working fluid through the cascading cavities is, however, inherently
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unsteady. In some cases, this motion can lead to rotor excitation and turbomachine
instability [8].

As described by Ferguson [9], the brush seal offered the first viable alternative to
the labyrinth seal for turbomachinery applications. The compliant nature of the brush
seal improves system stability by reducing the unsteady eccentricities associated with
a labyrinth seal [10]. However, they are subject to wear under all conditions, as the
bristle pack rests on the rotor, and are also prone to aerodynamic flutter.

The Hydrostatic Advanced Low Leakage (HALO) seal is based on the use of shoes
in the seal design for reducing leakage flow and wear. The HALO seal uses radially
soft, axially stiff sealing cantilever beams to support the sealing shoes. The shoes are
designed to choke the gas flow as the runner actuates toward the rotor. A reaction force
prevents the seal and rotor from making contact, hence, it may be classified as a film
riding seal [11]. The HALO seal was used to replace the existing labyrinth seals in a
hydrogen compressor, which was shown to operate more efficiently at full speed [12].
San Andrés and Anderson [11] tested a HALO seal up to 6 bar at temperatures up to
300°C and showed that the seal exhibited 50% less leakage flow than an equivalent
labyrinth seal.

To overcome the rotordynamic instabilities of labyrinth seals and the comparatively
short operational life of brush seals, the leaf seal was developed [13]. The leaf seal
comprises of a series of thin metal plates, known as ‘leaves’, layered around the
circumference of the shaft. The leaves are designed to rest on the shaft and lift off and
film ride when subject to hydrodynamic forces [14].

Grondahl [15] developed the Pressure Actuated Leaf Seal (PALS) where the leaves

are aligned with the rotor and actuate when subject to pressure, which prevents leakage
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flow through the gaps between the leaves. Grondahl [16] showed that the PALS had
less than 50% of the leakage flow of an equivalent four-toothed labyrinth seal.
Furthermore, Bowsher et al. [17] tested a prototype PALS seal up to 8.3 bar with the
shaft rotating up to 20,000 rpm. The rub on the leaves caused an increase in temperature
and burrs to form on the tips, however, there was no major loss in performance. Pasch
and Stapp [18] successfully implemented PALS into a supercritical carbon dioxide
turbocompressor with pressure drops of 130 bar.

The PALS concept was further developed into the FRPALS with the addition of a
hydrodynamic shoe or runner to generate a pressure gradient to ensure the seal film
rides. Kirk et al. [19] conducted preliminary static tests on a large-scale 2D concept
design, where the seal was pressurized up to 3.5 bar without shaft rotation. The runner
was shown to reduce to approximately 4% of the original clearance as the upstream
pressure increased. Additionally, the leaves exhibited little hysteresis during
depressurization. The runner exhibited rock, where the seal closed unevenly towards
the rotor, however, this was smaller than 0.07 degrees. Pedraza-Valle [20] developed
the test facility used in this study for the characterization of seals, including the
FRPALS. He found that the position of the Rayleigh Step affected the closure of the

seal and the leakage underneath the runner.

2.1 Modeling Adaptive Seals and Thin Fluid Films
Beermann et al. [21] developed a 2D CFD model to predict the radial movement of
a HALO seal which was compared with experimental results. The study showed that

the seal actuated towards the rotor when subject to an upstream pressure, and the CFD
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model was able to accurately replicate this behavior. However, the model did not
consider circumferential forces.

In the development of the FRPALS, Grondahl and Dudley [22] conducted a series
of initial calculations based on preliminary design parameters. Their analysis assumed
that the stiffness of the leaves was dependent on the modulus of elasticity and the leaf
thickness. The force from the fluid film was assumed to be dependent on a linear
pressure drop between the inlet and outlet of the runner. The fluid film analysis
identified a seal runner geometry with an adequate hydrostatic radial lifting force to
maintain a non-contacting seal clearance at normal operating conditions and over a
large range of rotor eccentricity with respect to the seal.

Du et al. [23] modeled the leakage under the padded members of a non-contacting
finger seal. The semi-analytical model used the Reynolds equation to analyze the seal
leakage performance as a function of the seal clearance. The model considered the static
stiffness of the fluid film due to a rotor excursion and found the force in the fluid
through the difference in pressure profiles generated. This approach was used iteratively
to find how the static stiffness of the film varied with rotor displacement.

Faira and San Andrés [24] describe three different numerical methods for
calculating the pressure distribution in a high-speed hydrodynamic gas bearing using
the Reynolds equation. The numerical model was then used to find the load capacity in
slider and Rayleigh step bearings, which was shown to give accurate and stable
solutions for high-speed incompressible flows. Gabriel [25] and Faria [26] used the
Reynolds equation to model leakage flow and pressure distribution in spiral groove gas
face seals. The method was shown to be computationally efficient and accurate at high

rotational speeds [26]. The Reynolds equation was used to predict the dynamic stiffness
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and damping coefficients for a Rayleigh step bearing by Zhu and San Andrés [27]. They
reported that for synchronous speeds the estimated stiffness coefficients offered good
agreement with the experimental values. However, the damping coefficients were
between two and five times smaller than the predicted values.

This paper presents a numerical model that uses the Reynolds equation to accurately
predict the frequency-dependent dynamic coefficients for Rayleigh step components in
various displacements and orientations. The dynamic coefficients are then used in an

adaptive model to predict the blow down performance of a film-riding seal.

3 FLUID FILM MODELING

This section presents a numerical dynamic model for fluid film seals with
experimental validation. This is used in Section 4 to characterize the blow down of a
single runner of the FRPALS. A one-dimensional disk growth model, which increases

with 22 72 has been used to reduce the clearance with a given rotational speed [28].

3.1 Pressure Profile Modeling
The non-dimensional form of the Reynolds equation in a cylindrical coordinate

system is

0 (20P2), 0 (,30P*\ _ O(PH) _3(PH)
oz ) "ae\" a9 )" "8 "% &t €y

where 6 is the circumferential coordinate and Z = z/r is the axial coordinate. P =

P/Parm and H = h/s are the non-dimensionless pressure and film thickness terms,
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respectively. A is the Compressibility or Bearing Number, and o the Squeeze Number,

which are defined by
4 6ur? 12uw r?
= 0O =—""5— 2
Patm S* Patm S* )

The Bearing Number considers changes in pressure profile due to the rotational
speeds of the system. The Squeeze Number considers unsteady changes in the pressure
profile due to any excitation of the fluid.

Castelli and Pirvics [29] developed a method for solving the Reynolds equation

using the dependent variable Q = P2H2. Eq. (1) can be re-written in terms of Q:

0
801,000 = B(H,Q) 5 ®

where 8(H, Q) is the partial differential operator

L(H,Q) =
92 +az 1 aH+ A\NO0 10HO 2 62H+62H (4)
972" 96> H\00 ' [g)960 HoZdz H\oz? ' 06>
and
o
BH,Q) =—F= (5)

H

S
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3.2 Fluid Film Stiffness and Damping Coefficients

In the event of eccentric movement of the rotor or seal, the film thickness will vary
with time-dependent perturbations in orthogonal directions, x and y. Assuming the
perturbations are harmonic and small in amplitude the variation of film thickness in

complex form is

H= Hy+Xe'““cosf + Ye'“tsin@ (6)

where X and Y are the non-dimensional perturbation amplitudes. The dynamic

components of the pressure profile and the dependent variable can be expressed by the

first-order Taylor series expansions

. . 2 y?2
P = PO + PexXe“"t + PeyYe“"t +0 <—2,—2> (7)
Hy" Hy
. . X2 Y?
Q= Qo+ QexXe'®t + QyYe' ' + 0 —,— (8)
Hy" Hy

P, and F,,, are dimensionless complex dynamic coefficients of pressure in the x and y
directions, respectively. Similarly, Q.. and Q., are the dimensionless complex
dynamic coefficients of the dependent variable. The real parts of Q,, and Q,,, may be
associated with the stiffness characteristics of the fluid, and the imaginary part with the
damping characteristics in the respective axes. Eq. 8 can be substituted into Egs. (3) —
(5) which leads to the following equations:

£(Ho,Q0)Q = 0 ©)

E(HO' QO)Qex + [a(HOI QO) - B(HO' Qo)iw]Qex = Rx(HO' QO) (10)

GTP-23-1368 Scobie 12



L(Hy, QO)Qey + [a(Hp, Qo) — B (Hy, Qo)iw]Qey = Ry(HO' Qo) (11)

where
1/ A 3In(Q,)
a(Ho, Qo) = 5 < 12
" 2 \Hy /g, 96 2
and
R — aQ, 10H0c059+sin9+ 1 A cos@
** 90 \H, 98 H, Ho ~ Hy.[Q, Ho
1 0HycosB0Q
_(__0__0) (13)
H, Z H, 0Z
2Q, 1 (9%H, 0%H,
_(H—O cosH) <1+H_0<622 + 302
and
R = dQ, 16Hosin0+cost9+ 1 A sinf
Y~ 90 \H, 06 H, Hy  Ho JQ, Ho
1 dH,sinfd
_<__0_&> (14)
H, dZ H, 9Z

2Q, . ) 1 (9%H, 0°H,
(Ho sin @ <1+H0<622 +692

Eqg. (9) is the steady-state version of Eq. (3), while Egs. (10) and (11) define the
perturbation coefficients in Eq. (8), which are driven by the first-order coefficients R,
and R,,. The direct pressure perturbation coefficients in Eq. (7) may then be determined

through

GTP-23-1368 Scobie 13



0 cos @
Pooxs = {2;} _ Fo {sin 9} (15)
ley} — 2Py Hy? H

which can be used to calculate the stiffness and damping coefficients of the fluid film,
using an integration method defined by Lund and Thomsen [30]. The real parts of Eq

(14) may be used to calculate the dimensionless stiffness damping coefficients from

L Oc

l[%j = _!J Re(F.) [(S:?r?g] do dZz (16)

and the imaginary parts of Eq (14) can be used to find the dimensionless damping
coefficients:

L Bc

lgﬁ;l = _bfof Im(F.y) [Z?r?g] do dz (17)

The dimensional coefficients may be obtained from

2rp — TPatm =
Kap = Tatm ab = wc;.[:l Cab (18)

Qﬁ
&
I

Due to the iw term in Egs. (10) and (11), the dynamic coefficients are frequency-

dependent.

3.3 Solution Methods and Preliminary Validation
Castelli and Pirvics [29] developed a method for solving the steady-state solution,

Q- The method divides the film region into a rectangular mesh which is discretized in
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the axial (j) and tangential (77) directions. Eq. (4) is discretized using a three-point
central difference approximation of the derivatives of Q,, and the coefficients of each

derivative are assembled in a matrix notation:

T1{Qs} + (8 1{Q-1} + [g]{Qj+1} = {R]) (19)

where [Fj], [Aj], and [Ej], are N X N matrices of coefficients respectively, and {Rj} 1S
the right-hand side vector defined by Castelli and Pirvics [29]. An iterative process is
required to solve for Q,. Initial estimates at the film inlet, Q, = P;,,*HZ, and at the film
outlet, Qy = P, 2HZ, may be linearly interpolated along axial film boundaries. The
matrices in Eq (18) may be modified for Egs. (10) and (11) by incorporating Egs. (12)
— (14) to enable numerical solutions for Q. and Q.

The dynamic model developed in this section was used to predict the stiffness and
damping coefficients for a Rayleigh step bearing tested by Zhu and San Andrés [27].
The experimental bearing was designed with a clearance of 40 um, and tested at 2.4 bar
pressure drop up to rotational speeds of 5,230 rad/s. The numerical predictions are in
good agreement with the experimental values for synchronous frequencies, as evident

in Figs. 3 and 4 with experimental results from Zhu and San Andrés [27].
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Figure 3: Stiffness coefficient numerical results with experimental data from Zhu

and San Andrés [27].

Figure 3 shows that the numerical model and experimental data demonstrate an
increase in stiffness coefficient with increasing rotational speed. The numerical model
predicts the damping coefficient with the correct order of magnitude and provides
approximately the average of the experimental results in the two directions as shown in

Fig. 4.
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Figure 4: Damping coefficient numerical results with experimental data from Zhu

and San Andrés [27].

3.4 Characterization of a Fixed Rayleigh Step Seal

To validate further the numerical model, experimental results documented by
Pedraza-Valle [20] are utilized. A cross-section of the test facility is shown in Fig. 5,
from which dynamic coefficients and leakage characteristics of an annular Rayleigh
step seal with a clearance of 165 pm were measured. The step was designed to the same
specifications as the runner geometry detailed by Pedraza-Valle et al. [31]. A summary

of the lengths and heights are shown in Table 1.
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Table 1: Rayleigh Step Geometry for the FRPALS

Parameter Z; Zy Z3 hy h,

Dimension (mm) 15.2 3.81 25.1 0.127 1.27

Annular
Rayleigh
Step Seal
Experimental
Set-up

Casing

Rotates Fixed Translates

Figure 5: Cross-section of the test facility with a fixed Rayleigh step seal.

The electromagnetic shaker was used to excite the seal and its housing while the
rotor was effectively held by a stiff bearing system. The relevant equation of motion for

moving the seal and housing is

My + Cy+ K¢ = Fyyq (20)
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where M, C, and K are mass, damping, and stiffness matrices, respectively. ¢ is the
vector of displacements and Fyy,;4 1s the force generated by the fluid film. Rouvas and
Childs [32] outline a method which can be used to transform Eq. (20) into the frequency
domain, which leads to the frequency response function (FRF):

G =K+ jwC 1)

where K = Re(G) and wC = Im(G).

This method was employed by Pedraza-Valle [20] at pressure differences of 2.4,
2.9, and 3.3 bar for rotational speeds from 100 to 1,575 rad/s. The shaker was used to
excite the system with a chirp signal that increased from 10 to 150 Hz. The amplitude
of excitation was no greater than 25% of the clearance. These test parameters were used
in the current numerical model.

The modeled direct stiffnesses in Fig. 6 show good agreement with the experimental
data; both show that there is a small increase in the stiffness with increasing rotational
speed but that increasing the pressure drop significantly increases the stiffness of the
fluid film. This is expected since the Bearing Number, A, from Eq. (2) is the only term
that is dependent on rotational speed. The change in A is very small compared with the
change in the pressure-dependent terms. Additionally, Egs. (10) and (15) show that the
stiffness of the fluid film is directly dependent on the pressure difference through the
seal.

Figure 7 compares the numerical direct damping coefficients with experimental
values. In the studies conducted by Pedraza-Valle [20], the direct damping coefficient

was found to be highly dependent on the temperature of the test facility, as shown in
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Fig. 8. The 2.9 bar pressure drop tests were conducted at a lower temperature than the
2.4 and 3.3 bar experiments due to the test facility warming up through use.

It is evident from Figs. 7 and 8 that the direct damping follows an inversely
proportional trend with temperature, and that the variance in temperature has a greater
impact than the increase in pressure difference. Due to the small change in temperature,
this has been attributed to variances in characteristics of the test rig rather than changes

in the fluid properties [20].

7000 - . -
6000 —.—.—.——-—-——I—I'T_'—l_" .
_________ NN P S R
5000 I ‘ ’ ----------------------------------- ]
_ N S S R, . oy )
= i |
> 4000
&
b<§ 3000 1
2000 | Experimental Numerical P, 1
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1000 #[20] === 29bar |IEEEEE
u [20] — 3.3 bar
0 T T 1
0 400 800 1200 1600
(2 (rad/s)

Figure 6: Direct stiffness for the fixed Rayleigh step seal compared with

experimental data from Pedraza-Valle [20].
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Figure 7: Direct damping for the fixed Rayleigh step seal for a range of excitation

frequencies of 150 Hz, compared with experimental data from Pedraza-Valle [20].
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Figure 8: Temperature variation during measurements of the Direct damping for

the fixed Rayleigh step seal [20].
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Considering the 2.4 and 3.3 bar pressure drop results in Fig. 7, both the experimental
and numerical results show a decrease in damping coefficient with an increase in
rotational speed. This is caused by the reduction in clearance with the disk growth
which effectively increases the Bearing and Squeeze Numbers, ¢ and 4, in Eq. (2).

The leakage tests were conducted at a range of pressure drops up to 3.5 bar and
three rotational speeds: 0, 730, and 1,250 rad/s. The experimental study found that the
mass flow decreased with increased rotor speed, which correlated with the growth of
the rotor.

Table 2 compares the measured growth of the shaft and the theoretical change in
diameter using the one-dimensional model from Vullo and Vivio [33]. The effective

clearance can be derived from the measured mass flow:

_ mexp 1/ Tups (22)

S =
eIt anupery

where Q, is dependent on the pressure ratio and fluid properties. The measured and

theoretical growth show very good agreement with one another, but both are larger than

the change in effective clearance.
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Table 2: Change in clearance with rotational speed, adapted from [20].

Rotational Speed (rad/s)

730 1,250
A effective clearance (um) 94 23.7
A measured growth (um) 9 29
A model growth (um) 9.55 28.06

The pressure profile calculated using the model can be used to evaluate the mass

flow rate, m, by integrating the axial velocity at any axial position over the clearance

annulus:

h = 1Rﬂap (h—7)dndo
= —gopR || 52 n(h=mady

(23)

where p is the density and u is the viscosity of the working fluid, dp/dz is the pressure

gradient along the axis of the rotor which was calculated using Egs. (3) — (5) and 0 <

n < h(6,Z) is the cross-film coordinate [34]. The density was calculated assuming

ideal gas behavior as a function of the measured upstream conditions to model choked

flow. The theoretical change in the rotor growth was included in the geometry of the

mass flow model for non-zero rotational speeds, as shown in Fig. 9.
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Figure 9: Leakage flow for the fixed Rayleigh step seal with rotor growth included
in the numerical model which is compared with experimental data from Pedraza-

Valle [20].

Figure 9 shows excellent agreement at the tested pressure drops compared with the
numerical results for the leakage tests. The reduction in effective clearance caused by
the rotor growth accounts for the reduction in mass flow in the model. Both the
experimental and theoretical results show a steeper increase in mass flow at lower

pressure drops until the flow is choked.
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4 MODELING COMPLIANT SEAL BLOW DOWN

This section extends the numerical model to describe the behavior of an adaptive
compliant seal, specifically the FRPALS with a Rayleigh step as shown in Fig. 2. The
complete FRPALS is made from eight decoupled segments that can move toward the
rotor to form a complete ring. The model in this section is validated against
experimental measurements of a single segment incorporating supporting compliant

leaves and fluid film forces during blow down.

4.1 Experimental Blow Down Characterization

Rahmani et al. [35] showed that the optimum position of a Rayleigh step is
dependent on the pressure at the boundaries of the stepped component. Additionally,
Pedraza-Valle [20] found that the position of the step affected the leakage flow through
the FRPALS. In this paper, two different geometries of runner have been studied with
the position of the step varied as shown in Figs. 10 (a) and 10 (b), referred to as P1 and
P2, respectively.

The complete geometry for P1 was described by Pedraza-Valle et al. [31] and the
step lengths are summarized in Table 1. The overall length of the runner and z; were

increased by 6.35 mm to bring the step further forward for P2.
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FRPALS Experimental Set-up Casing

At INe—Pp =l )y

ECPs

() (b)

Figure 10: Cross-section of the test facility with different FRPALS configurations:

(a) P1 and (b) P2.

As the FRPALS is adaptive, the movement of the runner under pressure loading

was measured. Sensonics PRS02/7.0U01 Eddy-current probes (ECPs) were used to

determine the displacement of the runner, as shown in Fig. 11.
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Figure 11: Positions of the ECPs targeting the top surface of the runner and

geometric nomenclature convention.

The initial clearance, s,, was determined using a feeler gauge at the mid-point of
the runner. The same approach was used to find the initial clearance at the two radial
extremes of the runner, to calculate the initial difference between the two sides prior to
experimentation. In this study, the FRPALS is made of eight segments and 6 = 45°.
Any difference in displacement between the two sides may be referred to as the ‘rock

angle’, ¢, an axial rotation of the runner:

@ = tan™?! ( ad l;xz) (24)

where x; and x, are displacements of the two sides and w is the distance between the

probes. There is a need for the leaves of FRPALS to accommodate the rock angle, as
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the runners must be allowed to pivot to adapt to rotor eccentricities. The central

displacement is

So—S (25)

The following numerical model can be used to predict 2D displacement in terms of x
and ¢. Eq. (24) and (25) can then be used to compare the numerical results with the

experimental displacements x; and x,.

4.2 Numerical Model of the FRPALS
The stiffness and damping characteristics of the fluid film and leaves can be used
to model the blow down behavior of the FRPALS, Fig. 12 shows the interactions
between the mechanical and fluid components of the seal when subject to a pressure

drop.

Seal Housing
L L L LS
FL,X

M

FEx

F;
bt Lodeiedd

F,
e
W /Rcé)r /7777\

Figure 12: 2D Free-Body Diagram of the FRPALS subject to pressure with flow

into the page with degrees of freedom shown in Fig. 10.
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The total force and moment acting on the runner can be used to set the equations
of motion:

Y F =mi YM=1¢ (26)

where the force from the fluid film is dependent on the stiffness and damping

characteristics of the gas. The direct dynamic coefficients, K., , K

vy s Cxx, and C

yy>
may be evaluated for a given runner film profile at each position, s, and pressure, P,
according to methodology described in Section 3. The rotational stiffness and damping
coefficients may be derived from the translational coefficients for a single runner by
noting from Fig. 10 that a relative side shift, y, of the runner induces an equivalent ¢ =

y/7r since the rotor radius will be much larger than any film thickness. It follows that

the rotational coefficients are given by

K,(s,P) = Ky (s, P)r? Cyp(s,P) = Cyy(s,P)r? (27)

Maps of these coefficients against all possible positions, s, and pressures, P, may be

generated and stored in look-up tables for use in dynamic simulations. Examples of

these maps for P1 without shaft rotation are shown in Figs. 13 and 14.
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Figure 13: Translational fluid film (a) stiffness and (b) damping coefficients

variance with pressure drop and distance from design clearance at a frequency of

150 Hz.
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Figure 14: Rotational fluid film (a) stiffness and (b) damping coefficients variance

with pressure drop and distance from design clearance at a frequency of 150 Hz.

The dynamic coefficient maps in Figs. 13 and 14 show a significant increase in
stiffness and damping as the clearance reduces. The stiffness coefficients are also

shown to increase with the pressure difference. The Reynolds equation is classically
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used for thin fluid films in bearing and lubrication applications. To ensure the accuracy
of the coefficient maps the criterion outlined by Bailey [36] was used, who developed

a modified form of the Reynolds Number:

Re' =22(3) (28)

If the modified number is less than unity, Re* < 1, then the Reynolds equation will be
dominated by the pressure and viscosity terms, ensuring the thin fluid film assumptions
are accurate [36]. Figure 15 shows the operational envelopes for the tests conducted in
this study. Larger initial clearances means that Re* falls outside of this range, as shown
in Fig. 15. This causes the model to oscillate until the seal has blown down to within a

clearance for the Reynolds equation to be highly accurate.

Limited
Accuracy

1.5 High Accuracy

0 0.5 1 15
Re*

P1 No Rotation P2 No Rotation P1 With Rotation

Figure 15: Operational envelopes of the blow down tests compared with modified
Reynolds number showing that Reynolds equation has limited accuracy for the

initial conditions during the P1 rotation tests.
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The characteristics of the leaves were measured experimentally using an Instron
Tensile Tester. A known rate of displacement was applied to the specimen the load
required to extend the specimen was measured. A surrogate runner that could hold two
pairs of leaves mounted symmetrically about a central plane was used so that it could
be loaded in the vertical axis of the tensile test machine, as shown in Fig. 16. The leaves
were displaced up to a maximum deflection of 4 mm to ensure that no permanent plastic
deformation occurred. Figure 16 shows the combined force against displacement profile
for the two sets of leaves. The stiffness, K}, of a single leaf pair can be found from the

combined stiffness and evaluated as K; = 47 KN/m.

100
80
. 60
£
= 40
20 Direct Load
Sinusoidal Load
0 1 1
0 1 2 3 4

x (mm)

Figure 16: Tensile test, including double-sided runner.

The tensile tester was also used to apply a sinusoidal load, F(t), shown in Fig. 16. The
hysteresis loop exhibited was used to evaluate the work done per cycle, W, which may
be attributed to dry (Coulomb) friction in the knuckles of the leaves within the runner.
This was then used in turn to calculate the equivalent Coulomb friction force observed

in the hysteresis loop:
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(29)

where X is the displacement amplitude. This approach was used to evaluate a friction
force of approximately 2 N when loading, and 4 N when unloading the leaves. The
experimental values of L and uN were used in the model shown in Fig. 12 incorporated
in the terms F; , and M, ,. When subject to the pressure force, and assuming that any

other external force is negligible, the 2D model can be described in matrix notation

[5Gl (5 cllil+ o ellel=w @

where
K, = K,(s,P) + K,
Cy = Cux(s,P) (31)

_1[2(Fp(t) — Fr(t) — F)
072 Fr (t)L

where Ky, Cyx, K, and C,, are determined from the dynamic coefficient maps shown

in Figs. 13 and 14 and m and [ are the mass and second moment of area of the runner
respectively. Eq. (30) shows that the dynamic system will accelerate when subject to an
increasing pressure load but will reach a steady-state equilibrium as the stiffness terms
increase with pressure. Eq. (31) and Figs. 13 and 14 show that the dynamic coefficients
of the fluid film are dependent on the clearance and pressure drop across the seal. C,

will be negligible for large clearances but increase as the seal blows down.
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This 2D model also incorporates a friction force, F, to replicate any interaction
between the runner and a neighboring segment, as shown in Fig. 12. The friction force
can be assumed to be a fraction, T, of the total force on the runner that opposes the

direction of motion:

Fe(t) = T Frota(t) (32)

For the purposes of the model presented in this study, it has been assumed that that T is
within the expected range of friction coefficient for the material of the runner, where t
=0.36.

The displacement and rock angle of the runner may be found from Egs. (26) and
(30) through the double integration of the time dependent translational and angular
accelerations respectively. Figure 17 shows the experimental and numerical
displacement and rock angle for runner P2 during pressurization.

The initial clearance was found to be approximately 1.1 mm and the pressure
difference was increased over 20 s. In the absence of rotation, the runner remained in a

steady position once blown down.
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Figure 17: Displacement and rock angle of the FRPALS with runner P2 without

shaft rotation.

It is apparent that the dynamic model shown in Fig. 17 can accurately predict the
blown down and rocked positions from the rest. However, the model displaced at a
greater rate than was observed experimentally. This was attributed to a constant friction
factor, whereas in practice it will vary as the runner pressurized and interacted more
with the neighboring component through actuation.

Figure 18 shows the displacement and rock for P1 for an increasing pressure
difference, with and without rotation. The initial offset was 1.1 mm without shaft
rotation and 1.8 mm at 200 rad/s, leading to a larger displacement.

Figure 18 (a) shows that the model accurately captured the translational and angular
displacements with the runner in P1. There was a slight drift in the experimental results
across the 600 s that the runner was in the blown down position, which led to a small
discrepancy between the initial and final position of the runner, highlighting the
difference between the model and experimental results during depressurization. Figure
18 (b) shows that the FRPALS oscillated from the blown down position in the
experimental facility which was not shown in the simulation. This is due to fluctuations
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in the hydrodynamic forces in the test rig with rotation which are not represented in the
model. However, the model accurately captures the magnitude of displacement and
both the model and experimental results show that the runner returned to approximately

the initial position when depressurized.
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Figure 18: Displacement and rock angle of the FRPALS with runner P1 at (a) 0

rad/s and (b) 200 rad/s shaft speed.
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Figure 19 presents the experimental and numerical results of the change in clearance
and rock angle for runner P1. The clearance of the seal has been normalized with the

area subjected to the flow:

5 (33)

where 7,4 is the equivalent radius of the seal housing, which was found through the
cross-sectional area of the segments of the FRPALS subjected to the flow. The initial
dimensionless clearance in the experimental facility with P1 installed was found to be
0.065 and 0.06 for x; and x,, respectively.

The 2D numerical model is shown to accurately predict the blow down and rock
angle of the FRPALS. There is a small variation between the experimental
measurements under pressurizing and depressurizing conditions, indicating a hysteretic
effect. This can be attributed to the frictional forces found during the tensile tests.

However, the experimental results show a larger hysteresis than the numerical model.
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Figure 19: Radial behavior of the FRPALS with runner P1 in terms of change in
(a) clearance and (b) rock angle with increasing pressure difference, without shaft

rotation.
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This may be attributed to the difficulty in accurately determining the friction force,
and the fact a simple Coulomb model was used to fit the tensile tests. In the
experimental study, it is likely that this frictional interaction between components
changed as the runners closed toward the rotor. This is because the gap between the
FRPALS segments reduced and so the forces between them will tend to increase.

Figure 20 compares the experimental and numerical radial behavior of the FRPALS
with the runner in P2. The initial clearance was found to be different from the
experimental set-up in Fig. 19 owing to the fact that the seal was rebuilt to accommodate

the alternative runner.
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Figure 20: Radial behavior of the FRPALS with runner P2 in terms of change in
(a) clearance and (b) rock angle with increasing pressure difference, without shaft

rotation.
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Figure 20 again shows good agreement between the numerical model and experimental
results for both the change in clearance and rock angle of the FRPALS. The initial rock
angle changed from the study with the runner in position P1. This can be attributed to
the difference between the initial clearances, s,, of the two sides of the runner, x; and
x, after rebuilding the seal with the geometry P2. Subsequently, the rock angle shown
in Fig. 20 (b) increases with pressure rather than decreasing as exhibited in Fig 16 (b).

When comparing Figs. 19 (a) and 20 (a), increasing the length of the runner causes
the FRPALS to blow down to a smaller clearance at operational conditions.
Additionally, the longer runner, P2, causes the seal to close under lower pressure
differences than those of P1. This is expected, as the upstream pressure directly
correlates to the force that closes the seal; therefore, the surface area must be closely
controlled to ensure that the seal blows down to the desired design clearance. The
runner in position P2 had a smaller operational clearance than the runner in P1. This
would correspond to a decreased leakage flow through the seal as was observed by
Pedraza-Valle [20].

Figure 21 compares the radial behavior of the FRPALS with the runner in P1 with
the shaft rotating at 200 rad/s. During the experimental set-up, the initial clearance was
once again found to be different from the static tests, and larger than that exhibited in

Figs. 19 and 20.
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Figure 21: Radial behavior of the FRPALS at 200 rad/s with runner P1 in terms

of change in (a) clearance and (b) rock angle, with increasing pressure difference.
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The results in Fig. 21 show a similar trend to the static tests in Figs. 19 and 20.
During pressurization the numerical model exhibits larger oscillatory motion than was
observed in the experimental values. This can be attributed to the inertial forces
dominating the fluid film, rather than the pressure and viscosity forces [36].

The runner deflects under pressure toward the rotor and film rides at a
dimensionless clearance of approximately 0.03, which is comparable with the static P1
test. At the blown down condition, the runner position fluctuated during the test. This
is due to the varying hydrodynamic forces under the step as the shaft rotates, which is

not captured in the model or present in the static experiments.

5 CONCLUSIONS

A numerical model has been developed which applies the Reynolds equation to
accurately predict the dynamic coefficients and leakage behavior of a static Rayleigh
step seal for varying pressure differences and rotational speeds. The model was
validated against experimental measurements of stiffness and damping coefficients. It
showed a small increase in the direct stiffness and a decrease in direct damping with
increased rotational speed. This was attributed to the decrease in clearance caused by
the growth of the rotor. This also influenced the predicted and measured leakage
performance of the static seal, which decreased with rotor growth as expected.

The incorporation of the dynamic coefficients into a 2D blow down model enabled
the prediction of the translational and rock angle displacement paths of the FRPALS.
These were compared with new experimental displacement measurements from the

dynamic test facility using eddy current probes targeting a single-segment seal. The

GTP-23-1368 Scobie 44



rock angle was shown to be highly dependent on the initial installation clearances across
the width of the runner and changed as the FRPALS was blown down. The translational
displacements of the runner were accurately predicted as a function of the dynamic
coefficients. By testing two different seal geometries without shaft rotation, it was
shown that the magnitude of displacement and film-riding clearance is dependent on
the position of the Rayleigh step and length of the runner. The model also gave good
agreement with the clearance and rock angle measurements tested with shaft rotation
for one of the runner positions.

The method developed in this study could be used in the future to predict the
movement of a complete eight-segment FRPALS, and modifications could enable its
application to alternative seal designs featuring a Rayleigh step. Additional
development would also allow for the prediction of dynamic coefficients for adaptive

seals.
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NOMENCLATURE

C Damping Coefficient (Ns/m)

K Stiffness Coefficient (N/m)

F Force (N)

H Dimensionless Film Thickness (h/s)
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HP

High Pressure

Film Thickness (m)

Moment of Inertia of Runner (m?)
Axial Length of Film (m)

Low Pressure

Mass of Runner (kg)

Dimensionless Pressure (p/patm)
Pressure (Pa)

Dependent Variable (P2H?)

Rotor Radius (m)

Temperature (°C or K)

Time (S)

Fluid Velocity (m/s)

Work Done (J)

Width Coordinate (m)

Dimensionless Perturbation Coordinate (x/c)
Displacement in X (m)

Dimensionless Perturbation Coordinate (y/c)
Displacement in Y (m)

Dimensionless Axial Coordinate (z/c)
Axial Coordinate in Z (m)

Bearing Number

Squeeze Number
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U Kinematic Viscosity (m?/s)

unN Force due to Coulomb Damping (N)

p Density (kg/m?)

1) Rock Angle (°)

T Friction Function

Q Rotational Speed (rad/s)

1) Excitation Frequency (rad/s)

o Circumferential Coordinate (rad)
SUBSCRIPTS

aa, ab  General Rotordynamic Coefficient
eff Effective Parameter

ex, ey Complex Solution

exp Experimental Value
f Friction

L Leaf Characteristic
ups Upstream Value

xx, xy  Direct Rotordynamic Coefficient
xy, yx  Cross-Coupled Rotordynamic Coefficient

0 Initial Solution or Condition
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