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Abstract 

Stable operation of both axial and radial compressors is constrained by the occurence of 
aerodynamic flow instabilities: rotating stall and surge. Developments in the understanding 
of the physics behind these instabilities and ideas of how t o  stabilize the compressor system, 
have opened the door t o  a new era in the field of compressor control. 

This study gives an overview of the current state in modeling and control of surge and rotating 
stall in axial and radial compressors. I t  summarizes different types of aerodynamic flow 
instabilities tha t  can occur in these machines. Compressor performance is discussed on the 
basis of compressor maps and important features of these instabilities are treated. But, this 
work focuses on active control systems applied in experimental systems. Compressor models 
that  are used frequently in controller designs are described and the effect of assumptions on 
the prediction capability of these models is discussed. Furthermore, this report deals with 
control concepts t o  guarantee stable operation and an outline is given of sensors, actuators 
and controllers applied in laboratory set-ups. 

The main contribution of this study is the comparison of aerodynamical flow instabilities 
found in axial and radial compressors, of several models, and of controllers implemented on 
experimental set-ups. It appeared that the behavior of a compressor system subsequent to  
instability onset is reasonably grasped but the considered models can not describe all types 
of instabilities encountered. Nevertheless, the Moore-Greitzer model seems an useful starting 
point for further research since it describes the compressor behavior subsequent t o  the onset 
of rotating stall and surge. A better understanding of the mechanism(s) behind the onset of 
these instabilities may allow refinements to  existing models and may give insights into new 
control methods. Currently, apart  from a few exceptions, only complex-valued proportional 
feedback controllers are used. More advanced, nonlinear controllers are expected to improve 
the performance of the compressor system. 
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Chapter 1 

Introduction 

Turbomachines are widely used for industrial and aerospace applications. Many of these 
applications include compression of air for use in industrial gas turbines and aircraft gas 
turbine engines in order t o  produce mechanical power at the shaft [14]. Other applications 
are transportation of natural gas in the petroleum industry and pressurization of gas in 
process and chemical industries. The performance and efficiency of these turbomachines is 
limited by the occurrence of instabilities. This study focuses on two types of aerodynamic 
flow instabilities associated with axial and radial compressors: rotating stall and surge [34]. 
These instabilities can lead t o  catastrophic failure of the system due t o  large mechanical or 
thermal forces in the blading. Therefore, suppressing these instabilities would benefit the 
large community of users of these turbomachines. 

According to, e.g., [17, 231, active control of aerodynamic flow instabilities is a promising 
solution. This control strategy can effectively shift the surge line, i.e., the stability boundary 
of a compressor, to  flow regimes where steady operation was impossible without control. 
The increased operating range will be beneficial for, e.g., off-design operation of aircraft 
and gas turbine engines due t o  disturbances and efficient (part-load) operation of serial or 
parallel compressor configurations. Moreover, this control strategy gives a potential for a 
large increase in machine performance [23 ] .  

The aim of this work is t o  provide an  overview of the state of the art in modeling and control 
of surge and rotating stall in axial and radial compressors. Compared t o  other surveys and 
overviews, e.g., [12, 44, 34, 36, 481, the main contribution of this study is the comparison 
of several models, of controllers implemented on experimental set-ups, and of aerodynamic 
instabilities met in axial as well as radial compressors. 

This report is organized as follows. First, in Chapter 2 a brief introduction is given into 
the operation of axial and radial compressors and an overview is presented of the types of 
aerodynamic instabilities met in these compressors. Chapter 3 deals with models that  describe 
these instabilities and their properties. The stability of compression systems and the basic 
idea of suppressing these instabilities by active control is illustrated in Chapter 4. This chapter 
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also provides a comparison between experimental results of several active control systems. As 
well, the influence of actuator and sensor choice on system performance and applied control 
schemes are discussed. Finally, in Chapter 5 conclusions are drawn and possible directions 
for future research are suggested. 



Chapter 2 

Rotating Stall and Surge 

A large variety of turbomachines are commonly used by fluid engineers: fans, pumps, com- 
pressors and turbines. This chapter concentrates on axial and radial compressors and s tar ts  
with a brief outline of the operation principles of these machines in Section 2.1. The aero- 
dynamic flow instabilities encountered in both compressor systems are treated in Section 2.2 
and are compared with each other in Section 2.3. 

2.1 Performance of Axial and Radial Compressors 

Four types of compressors can be distinguished [53]: reciprocating, rotary, axial, and radial 
compressors where rotary compressors are the least used in industry. The operating ranges of 
reciprocating, axial and radial compressors are shown in Fig. 2.1. Reciprocating and rotary 
compressors operate on the principle of decreasing the volume of the fluid. In axial and radial 
compressors, the pressurization of the entering fluid is accomplished by first accelerating it by 
the kinetic energy imparted in the rotors and then converting the kinetic energy into potential 
energy by decelerating the fluid in diverging channels. In an axial compressor, this is realized 
by flow through the diverging stator blade passages and in radial compressors by flow through 
the &Sfuser [14]. The increase in potential energy of the exiting fluid is manifested by a rise 
in pressure. This conversion of kinetic energy into potential energy can be explained from the 

where p is the pressure, p the density of the fluid, U the velocity of the fluid, and gz the 
potential energy per unit mass. The indices 1 and 2 indicate properties before and after 
deceleration respectively. 

This study focuses on two commonly used types of continuous flow compressors: the axial 
compressor where the gaseous fluid is processed in a direction parallel to  the rotational axis 
and the radial or centrifugal compressor where the pressurized fluid leaves the compressor in a 
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Figure 2.1: Ranges for application of reciprocating, axial, and radial compressors [53 ] .  

direction perpendicular t o  the rotational axis. As shown in Fig. 2.1, axial compressors are high 
flow machines while radial compressors are high pressure machines [21]. The performance of 
a compressor is often specified by curves that  relate the rotational speed, pressure rise across 
the compressor, and mass flow through the compressor in the compressor map, as shown in 
Fig. 2.2. Actually, compressor manufacturers provide compressor maps in which these prop- 
erties are scaled by using reference pressures and temperatures. For a detailed discussion on 
scaling, the interested reader is referred t o  [15, Chapter i]. Steady-state operating points with 
constant rotational speed are indicated by speed lines (also called compressor characteristics) 
and the rotational speed increases in the direction of the arrow. The operating range of a 
compressor is bounded for high mass flow by the limited capacity of the compressor due to 
choked flow [24, 531 marked by the stonewall line while for low flow regimes the operating 
range is limited by aerodynamic instabilities, so-called rotating stall and surge. The stable 
region is demarcated by the surge line or stall line. Application of the Buckingham IT theorem 
(see, e.g., [Si]) learns that  four dimensionless parameters are required t o  uniquely define the 
operating point of the compressor [24, 44, 541: 

o Pressure rise XP, e.g., dimensionless total-to-static pressure rise (with mean rotor 
speed U and specific mass p). This ratio provides a measure of the actual work put into 
the fluid t o  the potential work available ( U 2 )  [15, Chapter i]. 

o Mass flow 4, e.g., dimensionless compressor mass flow (with axial flow velocity C.J. 
For an axial compressor, this mass flow determines the incidence into the first rotor and 
then in turn into the blade row downstream. This incidence is an important property in 
determining the performance of a blade row. For radial compressors, (p is often defined 
as with mass flow rate m, impeller outlet speed U,, and inlet density pi [15, 
Chapter i]. 

PIU~DZ 
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Figure 2.2: A schematic representation of a compressor map [53]. 

o Compressor speed n, e.g., dimensionless tip speed or mean rotor speed expressed in 
Mach number. 

Additionally, the temperature rise or a related variable like the efficiency could be added. 
Regions of highest efficiency are located near the surge line, as shown, e.g., in Fig. 7 in [34]. 
In steady state, an operating point can be defined by two independent dimensionless variables 
because 9, 4 and n are connected via the compressor map. From Fig. 2.2, it is seen that  the 
pair (Q, n) does not uniquely define an operating point while (4, n) and (Q, 4) do. 

Some typical characteristics for axial and radial compressors are shown in Fig. 2.3. Note 
that  the axis of these characteristics have different scales but the shapes of the curves are 
representative. Curves 1 and 2 would be found in radial compressors, curve 3 might be for 
an axial compressor, and the discontinuous curve 4 might be found for a multi-stage axial 
compressor. As seen in Fig 2.1, a radial compressor generally operates at higher pressure 
ratios in combination with lower mass flows compared to  axial compressors. The steady-state 
operating point of a compression system is set by the intersection point of the compressor 
characteristic and the pressure requirements of the system characterized by the load line or 
throttle line. Typical system pressure requirements are depicted in Fig. 2.4. 

2.2 Aerodynamic Flow Instabilities 

Several types of instabilities can be encountered in compression systems, e.g., instabilities 
in systems with combustion and in ram jets. This study is restricted to  aerodynamic flow 
instabilities in axial and radial compressors: rotating stall and surge. Aeroelastic instabilities 
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such as flutter in axial compressors also fall outside the scope of this study. The  interested 
reader is referred t o  [34] for a review of instabilities in pumping systems. 

Aerodynamic flow instabilities are encountered in both axial and radial compressors [29, 341 , 
but especially in high pressure ratio radial compressors there seem t o  be differences. Therefore, 
rotating stall and surge are first discussed on a general basis in Section 2.2.1 and 2.2.2 (for 
surge) whereas differences for radial compressors are discussed separately in Section 2.2.3. 

2.2.1 Rotating stall 

Rotating stall is a local instability phenomenon in which one or more cells of severely stalled 
flow rotate around the circumference of the compressor with a constant rotational speed which 
is usually between 20 and 70% of the rotor speed. In this flow regime, the annulus-averaged 
compressor mass flow is steady in time but the mass flow has a circumferential mass deficit 
and, therefore, is essentially a two-dimensional phenomenon. 

Experimental work of Day [18] done at two low-speed axial compressors show that  stall cell 
development can follow different paths: (i) growth of modal perturbations and (ii) abrupt 
formation of finite stall cells. These stall cells are classified as short or long length scale 
cells referring to the size of the cell when it first forms. The growth of modal perturbations 
into a fully developed stall cell is consistent with the Moore-Greitzer model [50]. However, 
Day [17] shows tha t  suppressing the first modal wave, which is in some cases the precursor 
of rotating stall [41, 551, does not prevent the occurence of a small length scale cell. In [34], 
the various types of rotating stall are divided on the basis of the size of the stalled region 
of the annulus height in part-span or full-span stall. A typical example of part-span stall is 
shown in Fig. 2.5a in which we see two regions of stalled flow at the tip. But, also examples 
are known of stall cells appearing at the hub [34]. Full-span stall cells cover the entire height 
of the annulus and can fill more than 180 degrees of the compressor annulus (Fig. 2.5b). 
These stall cells extend axially through the compressor whereas part-span stall can exist 
in only part of the compressor, even a single blade row. The full-span type of instability 

Figure 2.5: a) Part-span stall b) Full-span stall. 

most commonly occurs in multi-stage compressors. Part-span stall is often seen to occur in 
single-stage compressors [18] and the first stage during low-speed operation of multi-stage 
high pressure ratio compressors [17, 341. It is seen from [15, Chapter 91 that  full-span stall 
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is encountered in compressors with a so-called abrupt stall compressor characteristic; this 
behavior depicted in Fig. 2.6 leads t o  a significant drop in pressure rise and mass flow. Part-  
span stall is more likely t o  occur in compressors with a progressive stall characteristic, i e . ,  a 
compressor characteristic with a small drop in pressure rise and mass flow at stall inception. 
However, if the compressor in part-span stall is throttled further, it may lead t o  full-span; the 
part-span cells grow radially and axially and may finally result in one cell through the whole 
length of the compressor. Part-span cells very often rotate at close to  50% of the rotor speed 
whereas full-span cells usually rotate more slowly in the range 20-40%. 

The occurence of rotating stall is seen in the compressor map as follows: if the  operating 
point is forced, e.g., by a throttle valve, t o  mass flows just left of the stall line on a constant 
speed line, the operating point moves rapidly from the unstalled characteristic (1) where the 
mass flow is axisymmetric t o  a operating point (2) on the stalled characteristic with non- 
axisymmetric mass flow [36], as shown in Fig. 2.6. The uncontrolled compression system 

pressure 1 

I flow 

Figure 2.6: Compressor map with stalled flow characteristic [44]. 

will remain in point (2) if this is a stable operating point of the system. Note tha t  annulus- 
averaged values of the mass flows are used in the compressor map. An example of a measured 
stalled characteristic can be found in [8, 16, 181. Hysteresis effects also seems to  play an 
important role whether rotating stall is more or less difficult t o  recover from [19, 341. These 
large hysteresis effects are commonly encountered in multi-stage compressors near design 
speed [34], see curve 4 in Fig. 2.3. Rotating stall induces vibratory stresses in the blading 
and, depending on the stalled characteristic of the compressor, there can be a large drop in 
performance and efficiency. Moreover, in a gas turbine engine the reduced flow rates during 
rotating stall can lead to  undesirable thermal loads in the turbine [36]. 

2.2.2 Surge 

Surge is characterized by large amplitude fluctuations of the pressure rise and unsteady but 
circumferentially uniform, annulus-averaged mass flow. This essentially one-dimensional phe- 
nomenon affects the compressor system as a whole and results in a limit cycle oscillation 
in the compressor map as depicted in Fig. 2.7. These oscillations result in a considerable 
loss of performance and efficiency and can lead t o  high blade and casing stress levels. The 
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frequencies of surge oscillations are typically over an order of magnitude less than those as- 
sociated with rotating stall. From experiments, see, e.g., [40, 561, it is known tha t  the surge 
frequency is on the order of the Helmholtz frequency (for details, see Section 3.1.2) and it 
decreases with increasing rotational speed. This trend is confirmed by the experimental work 
of Greitzer [32]. Note tha t  rotating stall frequencies are on the order of the rotor frequency 
but, contrary to surge frequencies, they do not depend on system parameters [34]. Depend- 
ing on the amplitude of the flow and pressure fluctuations, four categories of surge can be 
distinguished [44]: mild surge, classic surge, modified surge and deep surge. The latter is the 
more prevalent type occurring at high speeds and pressure ratios [19]. 

Fig. 2.7 shows a typical example of a deep surge cycle which is associated with any significant 
flow reversal. During a deep surge cycle four phases can be distinguished (see, e.g., Fig. 8 

T pressure 

Figure 2.7: Compressor map with deep surge cycle [44]. 

in [29] for a radial compressor or Fig. 15 and 17 in [32] for an axial compressor): for nearly 
constant mass flow the relatively slow filling and emptying phases of the plenum and two 
rapid changes in mass flow between these phases with constant plenum pressure. Note that 
during the rapid decrease in mass flow the pressure falls further in case of a smaller plenum 
volume [19, 321. The filling and emptying phases are basically set by a balance between the 
resistance of the compressor and throttle and the mass storage capability of the volumes 
of connecting ducts [34]. In backward flow, the compressor operates quasi-steadily on the 
steady-state back flow characteristic (line segment 2-3 in Fig. 2.7) during the emptying 
phase. This line defines the resistance which the rotating blades offer t o  flow in the reversed 
direction [19]. The line is thought t o  be unique t o  a particular compressor and has roughly a 
parabolic shape. In the forward flow phase, when the plenum is filled, the compressor moves 
relatively slowly along its characteristic (line segment 4-1 in Fig. 2.7) [29]. The filling period 
is generally longer than the emptying period because in reversed flow the plenum is emptying 
through the throttle and the compressor. As a result, the frequency of oscillations during 
deep surge is normally well below the Helmholtz frequency since it is set by the plenum filling 
and emptying time [29, 561. This is in agreement with experimental results reported by Day 
for a low-speed multi-stage axial compressor [19]. The “squared” shape of the deep surge 
cycle transforms in a more elliptical shape for more mild surge types [19, 32, 441. The mass 
flow fluctuations reduce significantly compared to  deep surge and mass flow stays positive. 
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2.2.3 Rotating Stall and Surge in Radial Compressors 

Typical shapes of compressor characteristics found for low pressure ratio radial compressors 
are Curve 1 and 2 shown in Fig. 2.3. Speed lines of a high pressure ratio radial compressor are 
quite steep due t o  compressibility effects, see, e.g., Fig. 2 in [63]. Also, the margin between the 
surge l k e  and stonuwa!! line becomes increasingly narrow for increasing speed and delivery 
presswe. For an impression of the influence of the density of the fluid on the compressor 
characteristic see, e.g., Fig. 2.12 in [53]. 

Axial and radial compressors mostly show similar flow instabilities [34]. But, in radial com- 
pressors system instability is influenced by the matching between elements such as the volute 
and diffuser [29]. This is supported by the “component-by-component” analysis in [43, 661 in 
which the influence of each element on system stability is examined. Often, the vaned diffuser 
is found to  be the  most important contributor to instability [LO, 34, 43, 631 although this is 
not the general case. Wo and Bons [66], for instance, indicate the vaneless pipe diffuser as the 
most destabilizing element in their radial pump. For high pressure ratio radial compressors, 
relatively large mass flow fluctuations are encountered even in the negatively sloped region 
of the compressor characteristic before the onset of system instability [63]. During these 
fluctuations, conditions necessary for instability onset are assumed t o  be met [34]. This is 
in contrast with the results found for axial compressors where often small disturbances grow 
into rotating stall. 

Rotating stall is believed to have little effect on compressor performance in radial compres- 
sors [19, 441, so analysis are generally restricted t o  surge in these machines. This is in 
agreement with experimental results [20, 43, 56, 63, 661. Nonetheless, rotating stall can occur 
in radial compressors [29, 601. Fink et al. [29] even found impeller stall initiating deep surge 
in a high-speed single-stage radial compressor. In [54], the experimental work of Ribi and 
Gyarmathy is mentioned who found impeller stall in a single-stage radial compressor for lower 
rot,or speeds (tip Mach number Mt 5 0.4). In the pioneering work of Emmons e t  al. [22] also 
rotating stall occurs in the radial compressor under investigation. A brief overview of surge 
and rotating stall in radial compressors can be found in [54]. 

2.3 Discussion 

As a rule, the aerodynamic flow instabilities occur a t  the top  or in a point of the compressor 
characteristic with a certain positive slope (see [7, 17, 38, 41, 551 for axial compressors and [29, 
37, 561 for radial compressors). Linear analysis demonstrate that  this stability boundary is set 
by the relation between the slope of the compressor characteristic, the slope of the load line, 
and the Greitzer stability parameter (see Section 4.1 for further details). The behavior of the 
compressor subsequent to  instability onset is reasonably grasped. Examples of experimental 
studies are [17, 19, 321 and [29, 43, 63, 661 for axial and radial compressors respectively. 
Rotating stall is believed to  be important in low-speed axial compressors [18, 411, while surge 
occurs at relatively high speeds [29, 37, 561. Furthermore, surge goes into rotating stall if 
the size of the plenum is progressively reduced [19]. Both results are in accordance with the 
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theoretical and experimental work of Greitzer [31, 32, 351 (see Section 3.1.2 for details). 

Rotating stall may be unrecoverable due t o  large stall/unstall hysteresis; e.g., opening bleed 
valves or decreasing the rotor speed by changing the amount of injected fuel will not restore 
the system to  its unstalled condition [44]. Especially in aircraft gas turbine engines, this so- 
called “hung” stall is undesirable since it requires a full stop and restart of the engine. This 
hysteresis effect is commonly met in multi-stage compressors near design speed. During surge, 
on the other hand, the engine operates in an unstalled condition over part of the cycle, so 
this type of aerodynamic flow instability is more favorable for recovery [34]. Besides the effect 
on recovery, Greitzer concludes from simulation results (Fig. 24 in [34]) that  the presence of 
significant stall/unstall hysteresis makes rotating stall more likely t o  occur; the calculated 
transient responses of two identical systems subsequent t o  identical initial conditions result 
in surge for the compressor characteristic without hysteresis and in rotating stall for the same 
characteristic with hysteresis. In [19], it is argued that  relatively small mass flow fluctuations 
will lead to classic surge in case of small stall/unstall hysteresis. According t o  [34], this is not 
correct and moreover hysteresis is disadvantageous for the occurence of a surge cycle. 

Both unstable phenomena surge and rotating stall are assumed t o  be related, since rotating 
stall can trigger surge [23, 341. This idea is confirmed by the experimental results reported 
for an axial compressor [17, 18, 191 and for a radial compressor [29]. Day’s experiments show 
that  a rapidly growing stall cell rotates 4 a 5 rotor revolutions around the annulus before the 
flow was fully reversed (deep surge). Therefore, Day concludes that  any active suppression 
technique tha t  delays the onset of rotating stall will also be effective in delaying surge. This 
idea is emphasized by the experimental results discussed in [17, 18, 261. Experimental results 
of Badmus et al. [3] show the existence of a mixed surgeirotating stall mode. The relation 
is confirmed from the fact that  rotating stall and surge are natural oscillatory modes of the 
compression system with surge corresponding t o  the zeroth order mode and rotating stall 
representing higher order modes [34, 551. This will be discussed in more detail in Chapter 3. 

Unstable flow phenomena in axial compressors are generally much better understood [29, 34, 
441. One reason might be that  there has been considerably less engineering effort applied 
to  studies of flow instabilities in radial compressors [34]. Another difficulty at arriving at a 
general description of radial compressor instabilities is the very wide ranges of speeds and 
compressor geometries and the effect of matching components [29]. However, contradictory 
opinions and experimental results are found in literature and it is concluded tha t  more effort 
is needed for a thorough understanding of the mechanism(s) that  lead to  the considered 
aerodynamic flow instabilities. 



Chapter 3 

Modeling of Compression Systems 

An essential step in controller design is the understanding of the physical phenomena in the 
system and the development of a mathematical model that  describes the most important phe- 
nomena. Depending on the application, two important types of models can be distinguished 
for rotating stall and surge control: a control model that  predicts the time development of 
these flow instabilities and guides the development of a controller. Consequently, this model 
has t o  be mathematically compact because active control of flow instabilities requires fast 
control actions (order of 1-5[ms]). On the other hand, more complex simulation models 
are used for system dynamic analyses. 

As seen in, e.g., [2, 24, 251, the models found in literature can be classified in several ways. 
The classification in this study is based on the fact that  the modeling of surge and rotating 
stall requires two different approaches [48]; surge is associated with primary axisymmetric 
disturbances and involves mass flow and pressure variations in the entire compression system. 
Therefore, the plenum and throttle have to  be incorporated in the model t o  study this unstable 
phenomenon. Rotating stall, on the other hand, involves regions of stalled mass flow which 
rotate around the circumference of the compressor. In this flow regime, only the average mass 
flow and pressure rise interact with the plenum and throttle since the flow redistributes and 
pressure variations decay away from the compressor [is, 481. As a result, the  model has to 
account necessarily for the circumferential variations of flow within the compressor for this 
kind of instability. Hence, in this study the models are divided into models that  describe 
the behavior of the entire compression system (Section 3.1) and models of the fluid dynamics 
inside the compressor (Section 3.2). Finally, the most important properties of the models 
discussed in this chapter are summarized and compared with each other in Section 3.3.  

12 
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3.1 Compression System Models 

3.1.1 Basic Compression System 

An idealized compression system is depicted in Fig. 3.1. In this idealized system, an enter- 

. . 

Figure 3.1: A basic compression system [34]. 

ing, incompressible fluid is pressurized in the compressor and is discharged in a closed tank 
which contains a compressible gas. This tank discharges via a throttle valve in another large 
reservoir. Essential elements in this system are the compressor which realizes the pressur- 
ization, the  inertance of the incompressible fluid in the compressor and throttle ducts, the 
mass storage capacity of the system in the closed tank, and the throttle which represents the 
system pressure requirements, e.g., losses due t o  resistance in the piping or effects of subsys- 
tems, and which determines the flow rate. As the pressure of both reservoirs is chosen t o  be 
equal and all dissipative effects in the system are modeled by the throttle, the steady-state 
operating point of the compression system can be found a t  the intersection point of the com- 
pressor characteristic and the load line; the mass flow through the compressor and throttle 
are identical and the compressor pressure rise equals the pressure drop across the throttle. In 
this steady-state situation, the average net mechanical energy provided by the compressor is 
entirely dissipated by the throttle. 

3.1.2 Greitzer Lumped Parameter Model 

A frequently used compressor model for dynamic analysis and controller design of axial com- 
pressors is the lumped parameter compression system model [31] shown in Fig. 3.2, see, 
e.g., [7, 57, 581. This fourth order model is based on the Helmholtz “organ-pipe” resonator 
type of compression system model introduced by Emmons et  al. [22] in which the compression 
system is represented by two large volumes connected to  each other by a duct in which the 
compressor works. The interconnecting duct is supposed to be small so the fluid in this duct 
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can be assumed incompressible. As a result, the kinetic energy of the fluid is associated with 
the motion in the duct whereas the potential energy is related to the compression in the large 
plenum. In other words, compressibility effects are associated with the compression of the 
fluid in the plenum while inertia effects are lumped on the acceleration of the fluid in the 
compressor duct. In this lumped parameter model, the compressor is replaced by an actuator 

at 

1 L, 

- at 
7 

I compressor throttle I 
plenum 

Figure 3.2: Lumped parameter compression system model [31]. 

disc and a pipe of length L,  t o  account for the fluid dynamics in the compressor duct. This 
actuator disc is a representation of a blade row as a plane across which the mass flow is 
continuous but the total pressure and circumferential velocity can be discontinuous [34]. The 
equivalent duct (effective length L,  and flow through area A,) is modeled such that  a given 
rate of change of mass flow gives the same pressure difference in the actual duct as in the 
model. This compressor duct is connected to  a large plenum and the fluid is discharged from 
the plenum via a throttle in an exit duct of much smaller diameter than the plenum. The 
throttle is modeled in a similar way as the compressor: a combination of an actuator disk 
and a equivalent duct of length Lt and flow through area At. 

The following major assumptions are made in the lumped parameter model: 

1. One-dimensional incompressible flow in the ducts. This assumption seems reasonable 
because the model describes systems with low inlet Mach numbers and pressure rises 
are assumed to  be small compared t o  the ambient pressure. 

2. Isentropic compression process in the plenum. 

3 .  Uniform plenum pressure rise $ in the entire plenum. 

4. Negligible velocity in the plenum. 

5. Quasi-steady throttle behavior. A frequently encountered description of the throttle 
behavior is given by [7, 651: 

at = &A, Kt 2 o (3.1) 



CHAPTER 3. MODELING OF COMPRESSION SYSTEMS 15 

6. 

7 .  

where K t  is the throttle area parameter. The throttle is closed (at = O) if K t  = O. 
In [31], the  following relation is used: 

= (2)i.: 
Unsteady compressor response can be simulated by a first-order time lag í-. 

Influence of rotor speed variations on the system behavior is negligible. In [32], a sin- 
gle compressor characteristic is used and the experiments and dynamic analyses are 
performed for a single value of mean rotor velocity. It is noted that  the  compressor 
characteristics can collapse into a single curve if dimensionless properties in the com- 
pressor map are chosen properly, as shown in, e.g., Fig. 4 in [29]. 

Applying the one-dimensional momentum equation t o  the flow in the compressor and throttle 
duct and the principle of mass conservation t o  the plenum gives, together with the first order 
transient compressor response, results in a set of four coupled nonlinear differential equations. 
As discussed in Section 2.1, often dimensionless variables are introduced. In [31], ambient 
density pa, mean rotor velocity U ,  and compressor duct area A, are combined t o  normalize 
mass flows by using paUA,, pressures using i paU2 ,  and time using l/wjy. This results in the 
following set of dimensionless equations: 

- = B[% - $1 a@., 
d t  

dat B 
- = -[$ - Qt] 
d t  G 

a+- 1 
at - - E[% - @tI 

d!P, 1 
- = -[%,ss - %I at í- 

(3 .3)  

(3-4) 

(3-5) 

where Q,,ss is the  dimensionless steady-state compressor pressure rise which can be determined 
from the measured steady-state compressor map, Qt is the dimensionless pressure drop across 
the throttle given by Eq.(3.1), and a, and at are respectively the dimensionless mass fiow 
through the compressor and throttle duct. The actual dimensionless compressor pressure rise 
is represented by Q,, so modeling the unsteady compressor behavior by Eq.(3.6) has the effect 
of slower growing instabilities. In this compression system model, three dimensionless system 
parameters are introduced: 

2nRN 
T E -  Lt Ac G = -  U B = -  

2wHLc LCAt U 
with R the compressor mean rotor radius, N the number of rotor revolutions before the stall 
cell is fully developed, and At the throttle flow through area. 

The B-parameter (also called Greitzer stability parameter) depends on the mean rotor velocity 
U ,  the effective length L,  of the equivalent compressor duct,  and the Helmholtz frequency 
WH which is given by: 
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where a is the speed of sound and Vp is the plenum volume. The B-parameter appears to 
be a quantitative measure to  predict the behavior of the compression system subsequent t o  
perturbations past the stall limit. In literature, values of B between 0.25 and 2.7 are found, 
see, e.g., [3 ,  19, 29, 401. Systems with B above a critical value Bcrit exhibit surge, whereas a 
value of B less than Bcrit points t o  rotating stall. Comparison of values found in literature 
(0.4 [19] and 0.8 [31]) make clear that  is different for each compressor. To overcome this 
problem, Day [19] introduced a new dimensionless group: 

$at peak 

@c,at peak 
Báit = &rit 

Then, B:,;, varies between 1.1 and 1.3 for several compressors. Further increase of the B- 
parameter beyond Bcrit will result in a change of the elliptical classic surge cycle into a 
more circular deep surge cycle [32]. In [32, 33, 341, Greitzer attempts to give a physical 
interpretation of the B-parameter. Following these analyses, the effect of the B-parameter 
on system behavior can be motivated if one realizes that  the B-parameter can be written as: 

This parameter can be seen as the ratio of pressure and inertial forces in the compressor 
duct; the numerator is proportional t o  the magnitude of the pressure difference across the 
duct and represents the driving force for the acceleration of the fluid in the duct. Assuming 
oscillations t o  be sinusoidal and axial velocity oscillations t o  be a specified fraction of the 
rotor speed, the denumerator is proportional t o  the order of magnitude of the inertial forces 
in the compressor duct that  arise because of local fluid accelerations. Thus, increase of B ,  
for instance by a decrease in L,, will result in relatively smaller inertial forces compared to  
the driving force due to  the pressure difference. Accordingly, larger mass flow variations can 
be expected due to  the increased driving force, so there will be a general trend towards surge 
rather than rotating stall. 

The G-parameter can be interpreted as a measure for the importance of the inertia of the 
fluid flow across the throttle compared to the inertia of the compressor mass flow. Finally, 
the dimensionless time lag T accounts for the time needed for the full development of rotating 
stall. According to  [31], approximately seven rotor revolutions, N = 7, were needed to  full 
growth. 

Assuming the inertial effects in the throttle duct negligible (G small) and considering the 
compressor pressure rise t o  be quasi-steady (T negligible small), results in the following set of 
equations: 

!!% = B[Q, - $1 
d t  (3.7) 

where: 



CHAPTER 3. MODELING OF COMPRESSION SYSTEMS 17 

The Greitzer lumped parameter model is one-dimensional and can only describe the state of 
rotating stall, i.e., the change in dimensionless pressure rise 21, and compressor mass flow Q C ,  

if the stalled characteristic is included in XI!!c,ss. Note tha t  no information is provided about 
the angular dependence of the compressor state variables QC and $. 

From the set of equations Eq.(3.3)-(3.6), it is easily verified that  the compression system can 
be seen as a mass-spring-damper system if T is assumed t o  be smaii, see Fig. 3.3 [34]. The  

Mass of fluid in duct 

I Compressibility of fluid in plenum 

+ 
mc Mass of fluid in 

throttle duct 
mt - 

Damping due Damping due 
to compressor to throttle 

Figure 3.3: Mechanical analogue of the Greitzer lumped parameter model [34]. 

incompressible fluid in the compressor and throttle duct is represented by a mass m, and mt 
respectively and the compressibility of the fluid in the plenum by a spring; the displacement 
of both masses is equal t o  the axial displacements of the fluid in the ducts whereas the spring 
force is equivalent with the plenum pressure rise $I. A damper with a positive damping factor 
describes the nonlinear behavior of the throttle and the compressor is modeled as a nonlinear 
damper with a damping factor tha t  can become positive and negative (in case of net energy 
input by the compressor). In the author's point of view, this is equivalent t o  modeling the 
compressor as an actuator, i.e., an element that  can supply and dissipate energy. 

Recall tha t  the inertance in the throttie duct is assumed t o  be negligible (mt = O ) ,  so the 
natural frequency of the two mass-spring-damper depicted in Fig. 3.3 is equal t o  the resonance 
frequency of the compressor-plenum subsystem [15]. This is also seen from the characteris- 
tic equation of the linearized, dimension-full version of the second order system, Eq.(3.7)- 
( 3.8) [34, Appendix]: 

where d'mT dApT is the slope of the throttle characteristic and e is the slope of the compres- 
sor characteristic. From Eq.(3.9), it is concluded that  the Helmholtz frequency is equal to  
the resonance frequency of the compressor-plenum subsystem a t  the top of the compressor 
characteristic. Furthermore, the frequency of the surge oscillations is expected to  decrease 
for increasing positive slopes of the compressor characteristic. Both results are in accordance 
with experimental results found in literature (see Section 2.2.2) and emphasize the idea of 
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modeling surge oscillations by an “organ-pipe” resonator model as proposed by Emmons et 
al. [22]. 

Extension to Radial Compressors 

Although the Greitzer model is dzvehped fcr lcw-presswe ratio axial compressors, Hansen 
et  al. [40] find reasonable agreement between experimental results and simulation %results of 
the fourth order Greitzer model for deep surge in a small single-stage radial compressor at 
two speeds (30000 and 54000 [ rpm]) .  The original Greitzer model is adapted for the radial 
compressor in the following way: 

o Approximation of the steady compressor characteristic is split in a parabola for the 
measured negative flow branch and two different cubic polynomials for the  unstable 
and stable part of the positive AOW branch. As no information was available for the 
unstable branch, this  part is estimated in such a way that  a smooth interconnection 
with the other parts was established. 

o Smaller value for í-. A good fit, particularly in terms of the frequency of the  surge cycle, 
between simulation results and measurements is obtained for N = .5. This value is 
considerably smaller than the value N = 2 used in Greitzer’s simulations [31]. 

Unfortunately, little data  is available about surge and the time constant T in radial com- 
pressors t o  verify the validity of the determined N-value. The simulations reasonably fit 
the experimental data  although systematic discrepancies occur near and after flow reversal. 
According t o  Hansen et  al., compressibility effects in the ducts may play an important role 
since they are not dealt with in the momentum balance. Pinsley et  al. [56] report reasonable 
agreement between predictions of the lumped parameter model and experimental results for 
radial compressor surge as well. They conclude that  the lumped parameter model quantita- 
tively shows reasonable agreement but precise prediction of the mass flow at instability onset 
requires accurate information of the local slope of the compressor characteristic. 

Extension for Radial Compressors with Varying Rotor Speed 

Fink et  al. [29] demonstrate with experiments performed on a high-speed radial compressor 
which is part of a small turbocharger that  rotor speed variations can be important in case 
of deep surge. Comparison of simulation and experimental results pointed out that  for small 
amplitude disturbances, e.g., variations associated with mild surge, the point of instability 
can be estimated reasonably well with the original Greitzer modeI. This is in agreement with 
the results reported in [37, 561. Nevertheless, in case disturbances grow t o  finite amplitude, 
rotor speed variations and a first-order time lag model for unsteady compressor pressure 
rise, Eq.(3.13), have to  be included t o  describe the rotor speed increase followed by the 
onset and growth of mild surge oscillations. These oscillations result in mass flow reverses 
associated with deep surge. The introduced time lag leads t o  a slower growing instability and 
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improves the quantitative and qualitative agreement with experimental results. The following 
assumptions are made in addition t o  the assumptions made in the original lumped parameter 
compression system model: 

1. Choked throttle nozzle flow. 

2. Throttle duct length is short (inertia effects of the fluid in the throttle duct negligible 
compared to  inertia effects in the compressor duct). 

3 .  Negligible gas angular momentum in the compressor passages compared t o  the wheel 
angular momentum. 

4. Changes in plenum density or temperature due to given changes in plenum pressure 
rise can not necessarily approximated by isentropic relations [32 ] .  More specific, the 
temperature ratio - with the plenum inlet stagnation temperature TOc and plenum 
temperature Tp, is not assumed t o  be negligible. This effect is presumably accounted 
for by 3 in Eq.(3.11), although the compression process in the plenum is assumed to 
be isentropic [29]. Note that  at this point a detailed understanding of the derivation of 
this model is lacking because the required MIS-report [28] is not available yet. 

T P  

TPO 

Applying conservation of momentum in the compressor duct, mass conservation in the plenum, 
and conservation of angular momentum in the turbocharger axis (in dimensionless form in 
Eq.(3.12)) leads, in combination with normalizing pressure differences by $paU2, mass flows 
by paAcU, time by l / w H ,  and torques by paAcRU2,  t o  the following set of coupled nonlinear 
dimensionless equations: 

- = B pc - 4 - maCr (3.10) d@c 
dt  

(3.11) 

(3.12) 

(3.13) 

where rP is the so-called instantaneous plenum temperature ratio and F is defined, based on 
the spool inertia I ,  as: 

Recall t ha t  in the original Greitzer model for low pressure axial compressors .ZE = 1.  Eq.(3.13) 
represents the first order transient compressor response. As in [29] the radial compressor stalls 
in the impeller, the time constant I- is defined as the convection time through the impeller 
and diffuser and is given by: 

TPO 

l L ,  1 
2 Lc BI%l 

T =  

with L,  the meridional throughflow length of the impeller and diffuser. In their simulations, 
Fink et al. use T = 0.12 which is equivalent with approximately 2.2 rotor revolutions. This 
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value corresponds t o  the value used by Greitzer in [31]. The  variable I' denotes the difference 
between the dimensionless drive torque supplied by the turbine and the dimensionless com- 
pressor torque, i.e., = rd&,e - rC. In [29], a measured torque characteristic I'(@,) is used 
in simulations. If this characteristic is not available, the net torque has to  be determined 
from mass flows, pressure ratios, and inlet temperatures of the compressor and turbine, as 
discussed in [14, Chapter 81. 

The B-parameter can be seen as a dimensionless rotor speed which results in two extra terms 
compared to  the standard lumped parameter model: F B @ J  is added to  the momentum 
equation of the compressor duct, Eq.(3.10), and 2FB$r  emerges in the mass conservation 
equation of the plenum, Eq.(3.11). Note that  rotor speed variations are considerably smaller 
in large (thus, large spool inertia I )  low-speed compressors. 

3.1.3 Control-Oriented High-Frequency Turbomachinery Model 

In [6, 251, a quasi-lD, unsteady, compressible, viscous flow model is proposed which can be 
applied to  a generic compression system. This approach is based on an alternative dimension- 
less form of the system equations. The quasi-ID assumption implies that  all flow properties 
are essentially constant in any plane normal to  the axial direction. The terms control-oriented 
and high-frequency refer to  models that are suitable for use in control design and accurately 
describe the relatively high-frequency (and high-amplitude) flow oscillations respectively. 

Based on the principles of conservation of mass, energy and momentum and the governing 
equations for a calorically perfect single species gas (for a general introduction into fluid me- 
chanics see, e.g., [46]), a set of three dimensionless, nonlinear, ordinary differential equations 
(ODE'S) can be found after discretization: 

(3.14) 

L r l  

7-1 
with: 

E = L i c e - $ ( s k - I + T P k - i )  

where y is the ratio of specific heats 2 and the state variables of the dimensionless equations 
are the flow -Mach number M ,  dimensionless total pressure p ,  and dimensionless specific en- 
tropy s ,  see Table 3.1 for scalings of dimensionfull variables. Furthermore, four dimensionless 
forcing functions can be distinguished: Q, f s ,  fw, and A. The subscripts k - 1 and k indicate 
the variables at the entrance and exit of the kth element respectively. From Eq.(3.14) it is 
seen that the €-parameter determines the relative time scales of the flow dynamics; when E is 
very small (pk -1  and s k - 1  small or length L k  small) the flow dynamics respond quasi-steadily 
and the forcing term with % has little effect. 
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Svmbol 
R 

Description 
Ideal gas constant 
time 
Length 
Area 
Reference pressure 
Reference temperature 
Static pressure 
Static temperature 
Volumetric heat transfer rate 
Specific wall friction force 
Specific inviscid and viscous forces 
Mach number 

Dimensionless area 

Stagnation pressure 

Stagnation temperature 

Entropy 

Dimensionless stagnation pressure 
Dimensionless specific entropy 

Dimensionless volumetric heat transfer rate 

Dimensionless specific wall friction force 

Dimensionless specific inviscid and viscous forces 

Table 3.1: Variables in the control-oriented high-frequency turbomachinery model [25]. 

external inputs 
I 

ICth element 

s k - 1  sk 

Figure 3.4: A modeling element. 
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This set of fundamental dimensionless differential equations, Eq(3.14), can be used for mod- 
eling several components of a compression system, for instance, blading, a duct or a nozzle, 
and can be put in state-space form with state vector X k  = [Mh-l p k  s k ] .  A modeling ele- 
ment can be considered as a two port system, as shown in Fig. 3.4, which requires external 
inputs, e.g., rotor speed or geometry information, and the states Mh, pk-1 and s k - 1  to  cal- 
culate M I C - ~ ,  ph ,  and Sk. The forcing terms in Eq.(3.14) are either determined from first 
principles or identification from steady-state experiments. ‘The latter can be easily verified 
by substitution of the maps, m4, m.5, and m6 in Eq.(3.14): 

As a result, a turbomachinery system can be “discretisized” since the entire system can 
be built up in a systematic way by connecting the models of the different components, see, 
e.g., [3, 6, 251. An important benefit of this discretization method is that  the model is explicit 
so no time consuming iterations are required to  compute solutions of the model. 

This quasi-1D model is only capable of predicting surge. A 2D model which describes both 
surge and rotating stall can be developed by applying the parallel compressor concept (see [33] 
for further details). 

3.1.4 Botros Compression System Model 

An approach very similar to  that  discussed in the previous section is the systematic modeling 
approach developed by Botros et al. [li]. In this approach, pipe elements are described with 
general continuity, momentum and energy equations for one-dimensional, unsteady, compress- 
ible fluid flow while the valves, constrictions and compressors are assumed t o  respond in a 
quasi-steady manner t o  disturbances. This results in a set of dimensionfull nonlinear algebraic 
equations for characterizing the quasi-steady elements and a set of dimensionfull nonlinear 
partial differential equations for the pipe elements: 

+ F ( X )  = o ax B H ( X )  -+ - - - -  at ax (3.15) 

where X is the state vector, X T  = [p m PI, with density p ,  mass flow rate m, and static 
pressure P,  I(: is the axial position, and F ( x )  is the forcing term. 

After linearization, the so-called transfer matrix formulation is introduced t o  find a solution 

L 

where [TI is the transfer matrix, [RI is the right-hand-side vector, and ax, is given by: 
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This finite difference scheme relates the change in the s ta te  vector AXk-1 a t  the entrance of 
the kth pipe element to  AXk a t  the exit. Note tha t  this is also a two port system as depicted 
in Fig. 3.4. 

In [lo, 111, this approach is applied to  model a gas compressor station as depicted in Fig. 3.5. 
In this dual-shaft arrangement, the high-pressure (HP) turbine drives a compressor and the 

c W ~ ( N , N G )  Exhaust 
chamber 

Gas turbine 

Jas compressor 

Figure 3.5: Scheme of a dual-shaft compression system [lo]. 

combination acts as a gas generator for the low-pressure (LP) power turbine. The power 
turbine is mechanically independent but the shafts are thermodynamically coupled; a vari- 
ation of power at the output of the power turbine is obtained by controlling the fuel flow. 
The gas flow through the gas compressor is approximated by a set of nonlinear equations 
of a polytropic process. For a constant-speed compressor, this set is sufficient t o  describe 
the behavior of the gas compressor. In case of a free-spool compressor or a variable speed 
compressor, additional relations are required to  determine the dependency of the compressor 
to  the varying rotational speed N .  For the dual shaft gas turbine/power turbine configuration 
shown in Fig. 3.5, the following relations can be derived [lo]: 

The meaning of the variables used in these equations can be found in Table 3.2. 

(3.17) 

Both quantities Wt and vt can be described by a cubic least-square approximation in the 
compressor rotational speed N [li]. Analogous t o  the Greitzer model [31], in [lo] the steady- 
state compressor characteristic H,,,, is represented by a simple cubic and the compressor 
response t o  transients is modeled with a first order model. From experiments discussed 
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Symbol 
rlt 
rlP 

rlm 
LHV 
HP 
Q a  

m l  

m f u e i  

N G  

wt 

Description 
gas turbine overall thermal efficiency 
compressor polytropic efficiency 
mechanical efficiency due to friction losses and transmission effects 
lower heating value of the fuel 
polytropic head for the gas compressor 
actual inlet flow rate t o  gas compressor 
gas compressor inlet mass flow rate 
fuel mass flow rate 
gas generator rotational speed 
power turbine output power 

in [lo], it is concluded that  inclusion of the gas generator and power turbine/compressor 
shaft inertia, IG and I respectively, give better agreement between field measurements and 
simulation results for fast transients. This is in accordance with the results reported by Fink 
et al. [29]. This one-dimensional model can cope with both slow and rapid transients of the 
considered gas station but is not capable of modeling rotating stall. 

3.2 Compressor Models 

3.2.1 Moore Model 

From the previous section, it is seen that  the prediction of the compressor behavior during 
rotating stall requires a 2D mass flow description. The compressor and engine designer is 
especially interested in the occurrence of rotating stall because this type of instability is often 
more difficult to recover from due t o  system hysteresis. 

Moore developed a theoretical framework for analysis of rotating stall in multi-stage axial 
compressors. The Moore model [49] describes the kinematic features of full-span stall and 
formulates conditions under which a traveling wave can exist even though upstream and 
downstream static pressure is constant. Note that rotating stall inception fell out of the 
scope of Moore’s study. 

Rotating stall is seen as an eigenmode of the system with wavelength n D / n  where n indicates 
the number of stall cells and D is the mean compressor diameter. The stalled region is 
modeled as a steady flow disturbance in a reference frame which is fixed t o  the  stall cell and 
moves with propagation speed f U .  In addition, the following assumptions are done: 

o Compressor has a constant speed characteristic. 
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o The static pressure rise in a rotor or stator row is given by: 

(3.18) 

where F ( 4 )  is the quasi-steady pressure rise of a row and T ( + ) $  accounts for hysteresis 
effects. 

o Negligible radial effects. 

o Incompressible flow in the entire system. 

o Uniform flow upstream of the compressor. 

o Radial and secondary-flow phenomena are disregarded. 

o No flow development between every stator and rotor. Consequently, any axial distur- 
bance proceeds straight through the compressor and is purely circumferential. 

I U I 
I I 1  I 

+ 

Y 
I A C  

Figure 3.6: Scheme of the compression system. 

As the pressure upstream and downstream of the compressor is assumed to  be constant, the 
stage-by-stage approach leads t o  a momentum balance for the compressor system including 
the inlet and exit duct and inlet and exit guide vanes: 

(3.19) 

q 6 0 )  where SO is the velocity potential at the compressor face, $I<[ (-aK) represents an abrupt 
pressure rise at the IGV entrance, m represents the combined lag effects of entrance and exit 
flows, and A is the total time lag due t o  compressor blade passages. The steady axial mass 
flow perturbation &)(O) on the annulus-averaged axial mass flow can be determined from: 
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Applying Eq.(3.19) and the fact tha t  SO is the Hilbert transform of S# leads t o  conditions 
for the existence of small disturbances, finite disturbances, and a limit cycle. As the small 
disturbances case is of interest for the Moore-Greitzer model (Section 3.2.2), this case is 
discussed in the sequel. The interested reader is referred to  [49] for the other cases and 
further details. 

When the perturbations S# and SO are assumed t o  be small, first order Taylor expansion of 
!Pc(#) round the  annulus-averaged mass flow # = a, gives, in combination with neglecting 
second order terms SO in Eq.(3.19), a n  interesting result: 

(3.20) 

As the annulus-averaged values of the perturbations 64 and SO are supposed t o  vanish, 
conditions can be determined for the existence of small perturbations while the pressure 
upstream and downstream of the compressor is constant; the operating point is on the steady- 
state compressor characteristic: 

$ = @ c ( Q ) .  

In addition, as S# and SO are supposed t o  be small periodic waves, it is found tha t  the local 
compressor characteristic must be flat: 

- = o, d @ C  

d 4  

and the propagation speed f U  is a function of the compressor lag parameter A, the external 
duct lag parameter m and the number of stall cells n, because f can be written as: 

n 
m 

f = - x  

Substitution of a relation for X (see [49, Par t  I] for details) yields the following result: 

1 - 

From this equation, it is seen that the propagation speed is less than 50% of U and increasing 
the number of stages N increases f toward i. Additionally, multiple stall cells rotate at higher 
speeds. These trends are roughly consistent with experimental results [49, 411 although Day 
found an abruptly formated part-span cell rotate at 70% of the compressor speed in a four- 
stage axial compressor [18]. 

3.2.2 Moore-Greitzer model 

Subsequent t o  the pioneering work of Moore discussed in the previous section, a joint work of 
Moore and Greitzer resulted in an incompressible Auid model for multi-stage axial compres- 
sors [50]. This model is capable of describing post-stall transients, i.e., transients subsequent 
to  onset of compression system instabilities, associated with both surge and rotating stall. 
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These transients are assumed t o  be initiated by unsteady axial and circumferential distur- 
bances in the inlet duct. As in [31, 33, 491, rotating stall and surge are seen as eigenmodes 
of the compression system, with surge constituting the zeroth order mode and rotating stall 
representing high order modes. More specific, the surge mode is a fluctuation of the annulus- 
averaged compressor mass flow Q in time while rotating stall is described as a sum of sinusoidal 
perturbations from @ with wavelength where n corresponds to  the nth mode and D is the 
mean compressor diameter. The system to  be analyzed is shown in Fig. 3.6 and the deveioped 
theory is based on the following assumptions: 

o Expected asymmetric flow length scales are on the order of the compressor diameter. 

o Large hub-to-tip radius ratio, so a two-dimensional description seems reasonable. 

o Irrotational, inviscid flow in the inlet duct. 

o Axisymmetric disturbances in the plenum and throttle duct. 

o Incompressible compressor mass flow. This assumption seems reasonable because the 
Mach numbers are supposed t o  be small and oscillations have frequencies well below 
those of acoustic resonance. 

o Overall pressure rise is small compared to  the ambient level. 

o Negligible fluid velocities and accelerations in the plenum because the plenum dimension 
is large compared t o  the ducts. As a result, the plenum is also assumed t o  eliminate 
spatial variations in mass flow so the annulus-averaged values and Q p t  can be applied. 

o Plenum pressure rise i, is the same in the entire plenum and the gas in the  plenum is 
compressible. 

o Polytropic compression process. 

o Throttle duct is assumed to  be short enough to neglect flow accelerations in the throttle 
duct. Consequently, 

\Irt = i,. 

The Moore-Greitzer model is based on the basic compressor model described in [49]. Using a 
stage-by-stage approach, the fluid dynamics in the inlet and exit compressor duct, inlet and 
exit guide vanes and each compressor stage, i.e. one stator-rotor combination, are combined 
in the local momentum balance. Furthermore, the annulus-averaged momentum balance 
Eq.(3.22) and the mass balance of the plenum Eq.(3.23) are applied t o  describe the dynamic 
behavior of the compression system. Normalizing pressures with pU2, time with U / R ,  and 
mass flows with pUA, and using the same notation as in [45] gives the following set of coupled 
nonlinear differential equations: 

(3.21) 

(3.22) 
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(3.23) 

where SO is the velocity potential at the compressor face, CP is the annulus-averaged axial flow 
coefficient, ó4 the disturbance from its average CP at the compressor face, B is the Greitzer 
stability parameter, and m, I,, p, and X are physical parameters. It is noted that  I ,  is equal 
t o  the effective compressor duct length in wheel radii: T. The order of the equations in O is 
reduced by applying a Galerkin procedure. This procedure assumes that  the general soiution 
of a differentia! equation can be represented by a sequence of basic functions. Moore and 
Greitzer assume that  solutions are of the form [50]: 

$(i, O )  = @(t)  + A(t)  sin(0 + y ( t ) ) .  

This single-term harmonic wave approximation is most accurate for weakly nonlinear systems. 
Moreover, in [50] this approximation proves to  be reasonable for describing transient phenom- 
ena because the amplitudes of disturbances are in reasonable agreement with calculations. 

Introducing the solution for 4 in the set of system equations results in [45]: 

d@ 
dt 

I,- = S,(@ + Asin(0 + y(t)) - ?I, 

(3.24) 

(3.25) 

(3.26) 

where is the annulus-average of S, and y ( t )  is given by [50]: 

y ( t )  = (1) 1 + m a  t 

Solution of this set of equations requires information about the axisymmetric compressor char- 
acteristic Qc(4), ie., the realized compressor performance if no time and angle dependence 
is permitted [50]. According t o  [50], the cubic approximation shown in Fig. 3.7, 

(3.27) 

seems a physical realistic approximation of the compressor characteristic. The parameters 
H and W have to  be chosen so that the cubic approximation has the same peak and valley 
points as the measured compressor map. 

From Eq.(3.24)-(3.26) i t  can be concluded that  the Moore-Greitzer model couples the results 
of the Greitzer lumped parameter model (Section 3.1.2) and the Moore model (Section 3.2.1) 
and shows how surge and rotating stall are linked. In case of pure surge (A = O and no O 
variation), this set of equations boils down t o  the two state Greitzer lumped parameter model 
if one realizes that the introduction of I ,  and the factor 4 are a result of a different way of 
normalizing pressure and time. 
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Figure 3.7: The cubic approximation of the compressor characteristic [50] 

For pure rotating stall, the time derivatives of @ and iI, are zero, so Eq.(3.23) reduces to: 

and Eq.(3.21) and (3.22) boil down to  the basic partial differential equation describing pure 
rotating stall, Eq.(3.19), for small perturbations: 

(3.28) 

where O* is given by: 
O* 8 - f t ,  

and f U is the propagation speed of the angular disturbance. 

In [65], the original Moore-Greitzer model is modified by including viscous, dissipative forces 
in the unsteady performance of a compressor blade row. Consequently, the local momentum 
balance, Eq.(3.21), results in: 

where v is the viscosity of the fluid. These viscous effects are described by the last term in 
the right hand side of Eq.(3.29). In the original model, these viscous effects are dealt with in 
the compressor characteristic Qc(d)  [49,45]; the term ~ ( 4 ) d  in Eq.(3.18) accounts for hystesis 
effects due t o  flow acceleration, flow separation, and viscous effects in the blade passage. This 
time constant T(#) is approximated by a value based on the inertia of the fluid in the blade 
passage [49, 501. Evidently, additional terms can be required when the viscous effects are 
described in an inadequate manner by ~(ó )& .  
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Influence of the Galerkin approximation 

As the original set of equations is strongly nonlinear, it seems worthwile t o  apply an approx- 
imation with higher order harmonics, so the determined numerical solution can be described 
more accurately. 

Paduanc et al. [55] iise the resulting equation for pure rotating stall, Eq.(3.28), as starting 
point for the development of an analytical control model for rotating stall. They show that  
higher order rotating stall modes can be described and stabilized if the Fourier series of the 
solution 4(t ,  û) is extended in the following way: 

00 

4(t ,  0) = @(t)  + A,eSnteeinB (3.30) 
n=l  

with: 

where an and w, are the growth rate and rotation rate of the nth spatial harmonic respectively. 
Experimental results from a single stage low-speed axial compressor test rig equipped with 
control vanes show an increase of 11% and 18% of axial mass flow at stall compared to  
the uncontrolled case if the first and both first and second spatial modes are controlled 
respectively. This result stresses the linear and decoupled behavior predicted by Epstein et 
UZ. [23] if small-amplitude traveling waves are controlled. These results are confirmed by the 
experimental work of Haynes et al. [41] performed on a three stage, low-speed axial compressor 
with control vanes. Comparison between their da t a  and the Moore-Greitzer model showed 
a lack in the prediction of the point where the compressor comes unstable; according to  
this model all modes become unstable if the operating point is on the positive slope of the 
compressor characteristic [50, 411. Modifying the Moore-Greitzer model with a time constant 
that  accounts for the finite compressor response time due to  viscous effects, the  prediction 
of the point of instability of the investigated spatial modes and their rotational frequency 
improves considerably. In addition, the fact that  spatial modes become unstable for different 
axial mass flows implies that  all harmonics need not be controlled simultaneously in order to  
realize an increase in operating range. 

3.3 Discussion 

Table 3.3 gives an overview of some models discussed in this chapter and their properties. 
The models described in [li, 2F;] star t  from a general description by application of principles 
of conservation of mass, energy, and momentum for a calorically perfect gas. These models 
can be applied to  generic compression systems and can describe the dynamic behavior of 
axial as well as radial compressors but they are relatively complex. Nonetheless, the control- 
oriented high-frequency turbomachinery model [25] is used for controller design as well and 
shows excellent correspondence with the experimental da ta  [3] .  For dynamic analysis and 
controller design in axial compressors the low-dimensional Greitzer [31], Moore [49], and 
Moore-Greitzer [50] models can also be used. The Greitzer and Moore-Greitzer models are 
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Model Machine Flow description Instab. 

Eveker [25] AC Quasi-1D Compressible S 
Botros et al. [lo,  111 AC 1D Compressible S 

Greitzer [31] A 1D Incompressible S 
Moore [49] A 2D Incompressible R 
Moore-Greitzer [SO] A 2D Incompressible SR 
Fink 1291 c 1D Incompressible S 

Table 3.3: Overview of model properties. Legend. Type of machine described by model - A: 
axial compressor, C: centrifugal compressor; Type of instability described by model - S :  surge, 
R: rotating stall. 

capable of predicting transients subsequent to  the onset of compressor instabilities whereas 
the Moore model describes the kinematics of full-span stall while upstream and downstream 
static pressure is constant. In the Greitzer and Moore-Greitzer models, Helmholtz oscillations 
are assumed t o  cause surge, whereas in [49, 501 rotating stall is supposed to  be the result of 
growing modal waves. In [18, 191, it is demonstrated that  these assumptions do not hold in 
general, since (i) rotating stall can trigger surge and (ii) stall cells can be formed without 
modal waves. Haynes et al. [41] demonstrate that  blade row time lags are important for 
accurately predicting the instability point of spatial harmonics. Adding a term for momentum 
transfer in the compressor section due t o  viscous effects, as in Eq.(3.29), also separates the 
instability point of low and higher order modes [44]. 

Application of the  Greitzer lumped parameter model t o  radial compressors shows conflicting 
results. Hansen et  al. [40] model deep surge in a small single-stage radial compressor. For 
a suitable choice of the time-lag associated with unsteady compressor response, the Greitzer 
model shows reasonable agreement with experiments. Conversely, Fink et al. [29] found poor 
results for deep surge in a radial compressor which is part of a small turbocharger. Inclusion 
of rotor speed variations significantly improved the qualitative and quantitative agreement 
with experiments. Rotor speed variations are also incorporated in the model developed by 
Botros [lo]. 

All models listed in Table 3.3 use a steady-state compressor characteristic t o  specify the 
behavior of the compressor. Strikingly, the model used in [3] does not include any hysteretic 
map but is capable of predicting hysteresis effects in the onset and cessation of surge. In 
other words, there can exist different steady-state solutions for one parameter setting. As 
seen from [3], this was the result of a Hopf bifurcation point. In 1321, hysteresis effects are 
specified by the compressor characteristic. Also, a description of the stalled characteristic 
is suggested in [SO] which follows from the application of the Galerkin procedure. Recently, 
Adomaitis [l] presented a 2D incompressible flow model tha t  is capable of predicting inception 
and growth of rotating stall without using a compressor characteristic. In this approach, the 
compressor map is replaced by so-called forcing terms in the Navier Stokes equations. These 
terms specify the boundary conditions and pressure fields and depend on the geometry of the 
blading. However, exact or numerical solution of the 3D basic partial differential equations 
of ñuid motion are not carried out today [50]. 
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3.3.1 Discussion of Assumptions 

In the sequel of this section the effect of assumptions on the prediction capability of the 
different models is discussed. 

Length and Time Scales 

Compressor blade row performance is assumed t o  be quasi-steady in the Moore and Moore- 
Greitzer model. The static pressure rise through each row is described by [49]: 

As seen in Section 3.2.2,  the second term of the right hand side models non-steady blade 
row response due t o  flow acceleration, flow separation and viscous effects but in [49, 501 
~ ( 4 )  is based purely on inertial effects. Wang et  al. [65] introduce an extra term in the 
local momentum balance of the Moore-Greitzer model to account for viscous effects in the 
compressor blade row. 

Recall tha t  steady-state compressor characteristics are used in the models listed in Table 3.3.  
Since the modeling of rotating stall is focused on the unsteady local blade performance in 
nonuniform flow, a constraint on the wavelength has to  be defined such tha t  the blade row 
performance is simiIar to  the performance for uniform flow with the same local conditions. 
More specific, free redistribution in a blade passage should not occur and the pressure is 
expected to  decay limitedly. Accordingly, a blade and its neighbors (2 blade pitches) should 
have similar flow conditions and the following rough constraint for the length scale of the flow 
disturbance is formulated [48]: 

1 
- nonuniformity wavelength > 2 blade pitches 
4 

As a result, it is useless t o  extent the order of the harmonics used in the Galerkin approxi- 
mation, Eq. (3 .30)  , considerably. 

Effects due to  non-steady flow have also to  be small in order to  apply the concept of quasi- 
steady blade row performance. Therefore, the blade passage time has t o  be small compared 
to  the blade passage time through one wavelength [48]: 

with n the spatial Fourier harmonic, f the fraction of the rotor angular speed of the stall cell(s) 
and C ,  the blade axial chord. In addition, non-steady blade flow occurs due to acceleration of 
the fluid within the blade passage. This acceleration requires a non-steady pressure difference 
across the blade row. Typical values for T are in the range between 0.1 and 0.3 [48]. 



CHAPTER 3. MODELING OF COMPRESSION SYSTEMS 33 

Compressibility effects 

From the models discussed in this report, the models of Eveker and Botros e t  al. (Sec- 
tion 3.1.3 and 3.1.4 respectively) account for compressibility effects in the ducts. In all other 
models examined in this study, these effects are neglected. However, i t  is known that  this 
incompressibility assurr,ptim E,o!US if r m 1 -  L'"1' 

M « í  

where the Mach number M is given by: 

U 

U 
M = - = r n  

with u the speed of sound. More specific, M < 0.3 for incompressible flow [46] and, accord- 
ingly, compressibility effects will be important in high speed machines [36]. 

Recall that  Greitzer confines his analysis in [31] to  compressors with low inlet Mach numbers 
and pressure rises that  are small compared to  ambient conditions. Hence, compressibility 
effects of the flow in the duct can be neglected. Furthermore, compressibility effects may be 
important in radial compressors because they achieve generally higher pressure rises. This is 
endorsed by Greitzer [34] and the results found by Fink e t  al. [29]. As seen in the Greitzer and 
Moore-Greitzer model, surge only occurs in systems with compressible flows whereas rotating 
stall occurs in compressible as well as incompressible flows [60]. 

Radial effects 

In the Moore and Moore-Greitzer model, the radial effects in axial compressors are assumed 
to  be negligible for systems with a high hub-to-tip ratio. This assumption implies that  the 
flow in the compressor annulus is a small fluid film. The values for the hub-to-tip ratio found 
in literature vary between 0.70 and 0.88 for axial compressors, see, e.g., [i?, 32, 411. These 
effects are essentially larger in radial than in axial compressors. This may also explain the 
bad agreement between experimental data  and prediction discussed in [29]. 

In summary, only the Moore-Greitzer model describes both surge and rotating stall. Note that  
the one-dimensional surge models can be extended to  2D models using the parallel compressor 
concept [33] .  



Chapter 4 

Active Control of Surge and 
Rotating Stall 

As seen in Chapter 2, stable operation in axial and radial compressors is constrained by the 
occurence of surge and rotating stall. In this chapter, the stability of compression systems 
is analyzed (Section 4.1) and three different control concepts are discussed in Section 4.2 t o  
suppress the unstable flow phenomena. Finally, in Section 4.3 active control systems used in 
experimental set-ups are summarized and compared with each other. 

4.1 Stability of compression systems 

Before starting the discussion how t o  suppress aerodynamic instabilities, first it seems worth- 
while t o  examine the fundamental criteria that  determine the stability of a compression sys- 
iem. Similar t o  [34], a stability analysis can be performed based on the eigenvalues of the 
linearized, second order Greitzer lumped parameter model, Eq. (3.7) and (3.8), discussed in 
Section 3.1.2. At this point, we introduce the characteristic equation presented in [34, Ap- 
pendix]: 

where is the  slope of the 
dimensionless compressor characteristic. From Eq. (4.1), it is easily verified tha t  the linearized 
compression system is equivalent with a damped linear oscillator: 

is the slope of the dimensionless throttle characteristic and 

s2 + 2<WOS + w; = o ( 4 4  

This is in accordance with the mechanical analogue found in Section 3.1.2. 

Application of the Routh-Hurwitz criterion learns that  the system is strictly Hurwitz, i e . ,  all 

34 
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the roots have negative real parts, if and only if [27] (for details see, e.g., [9, Chapter 51): 

<wo > O and u: > O. 

Comparison of Eq.(4.1) and (4.2) learns that both stability conditions for the compression 
system depend on the slopes of the dimensionless compressor and throttle characteristics [34] : 

&Pc dYt dY, 1 - < -  and - < 
dQC dat d@c B2 (”> 

In [34], the system is called statically stable if the left-hand inequality is met. The other 
criterion is for dynamic stability. For a detailed discussion on static and dynamic instabilities, 
see, e.g., [62, Chapter 31 

Main drawback of this linear stability analysis is that  the occurence of essentially nonlinear 
effects, e.g., large amplitude “surge cycles”, can not be examined in this linear analysis. 
For the examination of stability of an equilibrium point of a nonlinear system, Lyapunov’s 
direct method can be applied [59]. This method is used in [57] t o  investigate the stability 
of an equilibrium point of a compression system and its robustness t o  bounded disturbances. 

Another approach frequently applied in literature to investigate the stability of a compression 
system is a bifurcation analysis, see, e.g., [4, 7, 8, 47, 651. The onset of aerodynamic 
instabilities is associated with a Hopf bifurcation. Further details about bifurcations can be 
found in [62, Chapter 7-91. 

4.2 Control of Surge and Rotating Stall 

Recall from Chapter 2 that  surge and rotating stall can lead t o  failure of the compressor due 
to  large mechanical and thermal loads. Suppressing these phenomena will improve maintain- 
ability and life span of the compressor [21, 23, 441. In addition, these instabilities result in a 
loss in performance and efficiency [4, 101. Therefore, the control objective is to guarantee sta- 
ble compressor operation with acceptable performance in spite of the presence of disturbances. 
In this section, several measures are discussed t o  fulfill this objective. 

Avoidance Control 

Conventionally, stable operation is assured by regulating the compressor’s operating point to  
a region safely removed from the surge line (avoidance control) [lo, 441. In this open-loop 
strategy, a control line is defined at some distance from the actual surge line, as  shown in 
Fig. 4.1. This safety margin is set by compressor system uncertainties and disturbances, e.g., 
in-service deterioration, internal noise and flow distortions [4, 17, 441. Furthermore, sensor 
and actuator limitations play an important role in the required size of the safety margin. If 
the compressor tends t o  cross the control line, one option is t o  stuck the operating point to 
the control line by, e.g., activating a recycle or bleed valve. An alternative approach is to  
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fully open these valves so the operating point is moved far from the surge line. In the first 
control strategy, the compressor apparently operates in point B in Fig. 4.1 but the actual 
operating point of the compressor is at the same pressure but higher mass flow (point C). 
Clearly, bleed or recycle of compressed fluid is not useful and reduces the overall efficiency. 
As the peak in pressure rise on a speed line and the region of low specific fuel consumption 
are close t o  the surge line, this strategy also limits the performance and efficiency of the 
machine [4, 44, 551. Besides these limitations, a narrow feasible operating region restricts the 

uressure 
L load 

surge line 
with 

active control 

I 
I,- 
I 
I 
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. 

A=operating point with active control 
B=appearent operating point with bleed 
C=actual operating point with bleed 

Figure 4.1: Scheme of compressor characteristic emphasizing the difference between surge 
avoidance control and active control. 

capabilities of the machine. Under normal operating conditions, the load can change, e.g., 
due to  shut down of downstream processes or temporal changes in the rate of production, 
and makes the operating point move towards the surge line, as shown in Fig. 4.2. Surge or 
rotating stall could be avoided by decreasing the pressure rise but this n a y  conflict with the 
conceivable control objective of constant delivery pressure. This problem can be circumvented 
by using a compressor with a smaller capacity which prevents the system t o  cross the control 
line. However, for substantially large load changes, a larger number of compressors may be 
required. 

Set-point changes with fixed load may also cause the compressor’s operating point to  cross 
the surge line. For instance, in a compressor system with a large plenum volume, mass 
flow changes will initially be substantially larger than pressure rise changes and the oper- 
ating point may cross the surge line during deceleration transients, as shown in Fig. 4.3. 
In gas turbines with closely coupled compressor/combustor/turbine systems such as aircraft 
engines, the compressor’s operating point may cross the surge line during acceleration tran- 
sients [14, 441, see Fig. 4.4. During an acceleration tha t  follows upon an increase in fuel flow, 
first the turbine inlet temperature will rise significantly [14, Chapter 91. As a result, the  
compressor exit pressure may rise because of the increased backpressure of the turbine and 
the operating point may initially move towards the surge line because of the slow response 
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Figure 4.2: Transients due to  load variations [44]. 

t surge line control 

load 
line + 

I 4 

37 

Figure 4.3: Transients in compressor systems with a large plenum [44]. 
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time of compressor speed and, thus, air mass flow [44]. In both cases the system’s response 
time t o  changing operation requirements is constrained by the permissible pressure rise and 
mass flow variations. 

t surge line control 

c 

4 

Figure 4.4: Transients in aircraft engines [44] 

In summary, enlarging the feasible operating region may reduce the operating costs and the 
required number of compressors, thus, the investment costs, and increases the effectiveness of 
compressor systems [23 ,  441. 

Several measures are proposed t o  increase the stable operating range of the compressor system. 
These measures can be grouped in two categories [la]: (i) techniques that  are focussed on 
better compressor interior design (as discussed in, e.g., [13, 391) and (ii) techniques that  
attempt t o  suppress instabilities by control, see, e.g., [lí’, 441. In this study, the focus is 
on control of surge and rotating stall. An overview of the current s ta te  of the ar t  in radial 
compressor surge control technology can be found in [lo]. 

To decrease the wasteful safety margin, the controller can be activated if the onset of insta- 
bilities is detected (surge detection and avoidance) [44]. But, the main disadvantages 
of this strategy are problems associated with the detection of the instability onset and the 
necessity of large control forces and fast-acting control systems. 

Active Control 

Epstein et al. [23] propose an analytical framework for a fundamentally different strategy: 
active control. This strategy is illustrated from Fig. 4.5. Active control aims at stabilizing 
the system beyond the “natural” surge line by appropriate control actions based on relevant 
information obtained from sensors. More specific, the compression system dynamics are 
modified by feedback of perturbations into the flow field which results in an increase of the 
stable operating region. The conceptual difference between avoidance control and active 
control is explained from Fig. 4.1; for a specific speed and load line the highest achievable 
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Control 
Actions 

pressure can be increased from point B t o  A since the active controlled compressor can operate 
near the peak of the speed line. Note that  in conventional compressor design, the compressor 
is designed in such a way that  the desired pressure and mass flow a t  the design point is a t  
maximal efficiency given a specified stall margin. In this case, active control may not be useful 
since the surge line is moved towards regions with reduced compressor efficiency. Therefore, 
active controller design should be part of the design process because an increased operating 
range allows greater freedom in design [4, 561; the design point efficiency can be maximized 
for a reduced stall margin requirement and remaining design freedom can be used t o  address 
secondary design requirements such as off-design performance, weight and costs. 

Fluid 
Deviations 

Ex t erna1 disturbances 

Controller 4 

Figure 4.5: Block scheme of active control concept. 

The basic idea behind the active control strategy is that  rotating stall and surge s ta r t  as small 
amplitude disturbances which can be described by linear theory. Feedback of perturbations 
prevent these fluid disturbances from growth into finite disturbances or a limit cycle. Accord- 
ingly, active control is often regarded as the effect of increasing the aerodynamical damping in 
the system [17, 23, 341. This can be easily verified from an analysis of the linearized, second 
order Greitzer model for the closed loop. For instance, examination of a compressor system 
in which plenum pressure rise deviations S$ on the nominal plenum pressure rise +o are fed 
back to  a throttle valve gives the following characteristic polynomial [56, 581: 

1 Z dat (%I @,o 

s2+ [ ( % I K t o  - 
- E (ZA] s+ [I - (%)Kto  +z (%)& = O 

(4.3) 
where: 

u = zss, 
with proportional feedback gain 2 and small throttle parameter variations u from the nominal 
value Kto .  Comparison of Eq.(4.1) and (4.3) shows that  active control modifies the damping as 
well as the natural frequency of the linearized system. It is remarked that  the turbomachinery 
community qualifies flow deviations and perturbations as disturbances. But,  in control theory 
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disturbances are signals which cannot be manipulated and which denote the effect tha t  the 
external world has on the system, see, e.g., [61]. 

Energy considerations point out that  (periodic) oscillations can occur near the peak of the 
positively sloped part  of the compressor map if the net mechanical energy provided by the 
compressor balances the dissipation in the system over a cycle [34]. Epstein et al. [23] show 
that  active control can effect this energy balance by direct energy production or dissipation 
and by affecting the balance between elements tha t  produce and absorb energy. Experimental 
work of Day indicates that  this strategy does not work for stall cells that  emerge without 
precursive build-up [17]. In that  case, stabilization can be realized by locally e n e r g i z i n g  the  
flow in the vicinity of the instability and make it more disturbance tolerant. As this control 
strategy is based on the feedback of flow deviations, relatively little control power is required. 
Control of these aerodynamic instabilities in their initial stage allows surge and rotating stall 
to  be treated separately because their behavior is linear and decoupled [41]. Ffowcs Williams 
e t  al. [26] use this property to control rotating stall and surge separately with two independent, 
linear controllers. Furthermore, in [27, 37, 561 the proportional controller is also effective in 
the control of large amplitude oscillations. 

4.3 Active Control Systems 

Active control systems consist of sensors for detection of fluid disturbances, actuators t o  
introduce desired perturbations and a suitable controller t ha t  determines the most optimal 
actuator actions from sensor information [58]. Section 4.3.1 outlines the sensors and actuators 
proposed for surge and rotating stall control in experimental set-ups. A brief overview of 
applied control schemes is given in Section 4.3.2. 

4.3.1 Sensors and Actuators 

Table 4.1 gives an overview of sensor-actuator pairs applied in experimental studies. Five 
candidate sensors and seven candidate actuators are depicted in Fig. 4.6. 

Surge Control 

From Table 4.1, it can be concluded that surge can be stabilized by a single actuator (of- 
ten called 1D actuator). Furthermore, a single sensor provides sufficient information to the 
controller. An analysis [64, Chapter 31 of the linearized Greitzer model shows tha t  the com- 
pressor system is controllable and observable if a single actuator and sensor is used from those 
mentioned in [58]. Experimental results demonstrate that  significant shifts can be achieved 
in surge point mass flow, as predicted by Epstein e t  al. [23]. For example, in [37, 561, 25% 
decrease in mass flow at the surge point is reported in a radial compressor whereas Ffowcs 
Williams and Huang [27] achieve approximately 20% reduction in mass flow using a loud- 
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0 
t emper  at ure 

duct  compressor close-coupled plenum thro t t le  

Figure 4.6: Compressor system with potential sensors and actuators [44]. 
valve 

speaker. Note that  the movable wall in [37] is a passive element since no energy is fed into the 
compressor system; the plenum pressure oscillations are damped by dissipation of the kinetic 
energy in the damper attached t o  the movable wall. 

Table 4.1: Overview of sensors, actuators, and control schemes applied in active control 
experiments. Legend: Type of machine - A: axial, C: centrifugal, 1: low speed, s: single- 
stage, m: multi-stage. Control of t ype  of instability - S :  surge, R: rotating stall. Treatment 
- E: experimental, A: analytical. Model used for analysis - G: Greitzer, M: Moore, MG: 
Moore-Greitzer, HF: Control-oriented high-frequency turbomachinery model. 

Mach. Inst. Treatm. Sensor Actuator Control Model 
[31 AS S EA plenum press. throttle ?íw loop shaping HF 
[71 S EA dyn. inlet press. throttle 1/0 feedback lin. G 

i371 C S EA plenum press. movable wall structural feedback G 
i271 c S E diffuser press. loudspeaker prop. feedback G 

S EA plenum press. throttle prop. feedback G 
[5] Als R E  stat. inlet press. throttle nonlin. feedb. MG 

R EA stat. inlet press. air injectors prop. feedback MG 
R EA stat. inlet press. air injectors aeromech. feedback - [38] Als 

[41] Alm R EA hot wires movable IGV’s prop. feedback MG 
[55] Als R EA hot wires movable IGV’s prop. feedback MG 
[17] Alm SR E hot wires air injectors prop. feedback 

[561 c 
E81 Al 

[261 c SR EA diffuser press. loudspeaker prop. feedback M 

Most of these experiments are show cases to  examine the active control concept. For practical 
applications, however, it is worth investigating which type of sensor and actuator is most 
suitable for surge control. In [58], the effect of five actuators and four sensors among those 
shown in Fig. 4.6 is studied on the performance of the control system. Based on an analysis of 
the linearized second order Greitzer model [31], the maximal stabilizable compressor slope is 
determined for the sensor-actuator pairs under consideration using proportional feedback. A 
close-coupled valve or an injector as actuator in combination with a mass flow sensor appear t o  
be most promising. Additionally, Simon et  al. examined the influence of actuator bandwidth 
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and disturbance type on controlled compressor performance. As seen from the quantitative 
analysis in [64], the effect of type, position, and number of sensors and actuators seems worth 
further investigation. 

Rotating Stall Control 

Control of rotating stall requires information about the non-uniformity of the flow, so an 
array of sensors placed around the circumference of the compressor is used. In literature, this 
array of sensors is often called a 2D sensor which is in contrast with a single or 1D sensor. 
Analogous, 1D and 2D actuators can be distinguished. Badmus e t  al. [4] found the linearized 
compressor dynamics about the unstable equilibrium points t o  be linearly uncontrollable and 
unobservable if 1D actuation and annulus-averaged sensing is applied. Considering this  result, 
they conclude tha t  2D sensors and 2D actuators are required for linear feedback stabilization. 

From Table 4.1 it is seen that  common realizations of 2D sensors are arrays of pressure 
transducers [5, 8, 261 and hot wire anemometers [17, 41, 551. To stabilize rotating stall, 
movable inlet guide vanes (IGV’s) [41, 551 and an array of air injectors [8, 17, 381 are employed. 
Paduano et al. [55] demonstrate a decrease in stall mass flow of 23% in a single-stage axial 
compressor using movable IGV’s while Naynes e t  al. [41] found an 8% decrease in a three- 
stage axial compressor. Moreover, a 10% reduction in stalling mass flow was realized using 
aeromechanical feedback [38]. In this approach, circumferentially placed air injectors are 
used which are “activated” by small, local pressure perturbations acting on the construction. 
In [17], two control strategies are used to  suppress rotating stall disturbances: (i) control of 
the first mode of rotating stall by feedback of mass flow disturbances and (ii) simultaneously 
open all air injectors (one-dimensional actuator). Both strategies result in a reduction in mass 
flow a t  the new rotating stall point of approximately 5%. The stable operating range can 
be extended further if the second mode of the rotating stall wave is also controlled [41, 551. 
But, Haynes et al. report no additional decrease in stall mass flow if the third harmonic is 
controlled in addition t o  the first and second harmonics of the rotating stall wave. 

Important drawbacks of the use of 2D actuation and 2D sensing are the complexity and 
high costs due t o  the large number of required sensors and actuators and the relatively 
high bandwidth requirements because of the speed and higher harmonics of the rotating 
disturbance [4]. Badmus et al. [5] show that  control of rotating stall is also possible by using 
a 2D sensor combined with a single, low-bandwidth I D  actuator. In contrast with approaches 
which use rotating stall phase information [41, 551, the nonlinear controller in this simplified 
approach acts directly on disturbances from an equilibrium point, so bandwidth requirements 
are relatively low. In [26], a nonaxisymmetric mode is stabilized by using 2D diffuser channel 
pressure measurements and a 1D loudspeaker. 

For rotating stall in axial compressors, the influence of actuator and sensor choice on controller 
performance is studied in [42]. In this theoretical study, four actuators are considered, namely, 
circumferentially arrays of jets, intake ports and movable IGV’s upstream of the compressor 
and bleed valves downstream of the compressor. These actuators are used in combination 
with an array of a velocity, static pressure, or total pressure sensors. These actuators and 
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sensors are close-coupled with the compressor, i e . ,  placed a t  a distance smaller than the 
disturbance wavelength from the compressor. A modified version of the Moore model is 
used t o  analyze the performance of all sensor-actuator pairs using proportional feedback. 
As in [58],  the maximum stabilizable compressor slope is the most important performance 
criterium and, moreover, the effects of sensor location, actuator bandwidth and controller 
phase are determined. This study indicates the array of jets and the velocity sensor as 
most promising actuator and sensor, respectively, for rotating stall control. But ,  static or 
total pressure measurements might be more practical in high-speed compressors than hot 
wire measurements [42]; important disadvantages of the usage of hot wires are  the noisy 
measurement signals [4] and their fragility. 

4.3.2 Controllers 

The “first generation” of controllers implemented in experimental set-ups [17, 26, 27, 41, 
55, 561 are based on linear feedback stabilization [4], see Table 4.1. These controllers aim 
at stabilizing unstable operating points by linear feedback in order t o  enlarge the stable 
operating region. The motivation for this approach is that  stable compressor operation under 
disturbances can be guaranteed as long as the stable operating point stays inside the stable 
operating region. In order t o  realize this, Epstein et al. [23] propose a so-called complex-valued 
proportional feedback control law [55] which is given in the frequency doma.in by: 

where 121 is the modulus of 2 and ,û is a temporal (for surge control) or spatial (for rotating 
stall control) phase shift. This proportional feedback controller describes the gain and phase 
relation between the sensed perturbation signal and the control signal. 

For surge control, suitable values for gain and phase-shift are determined from a stability 
analysis of the linearized Greitzer model [23 ,  27, 561. From these analytical studies, it is 
concluded that  the choice of both variables significantly influences the effectiveness of the 
controller since the reduction in stall mass flow can be increased by a proper choice of /3 
compared t o  a simple proportional controller (p  = O) for the same value of 121 [23]. In [56], 
stable operating regions for 121 and ,í? are computed as a function of the Greitzer stability 
parameter B, see Fig. 4.7. This figure illustrates that  an appropriate choice of 1,271 and ,û 
becomes more important for higher values of B. More specific, high B-values limits the 
effectiveness of the controller since the freedom of choice in ,O decreases substantially. Note 
that  a wrong choice of ,O can cause insta.bility. As in [27, 561 the phase-shift /3 is constant for 
all frequencies, practical implementation of this controller seems not t o  be straight forward 
but detailed information about the implementation on an experimental set-up can not be 
found in literature. For example, in [27] the measured plenum pressure signal is processed in 
a phase shifter and amplifier to  generate the desired signal for the loudspeaker. So far, we 
assume that  measurements are (discrete) Fourier transformed before they are processed in 
the controller. 

In [17, 41, 551, the complex-valued rotating stall controller obtains measurements from several 
sensors placed around the circumference. The sensed perturbations can be represented as a 
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Figure 4.7: Example of stability regions using complex-valued proportional feedback [56]. 

Fourier series. For example, mass flow perturbations 64 can be written as: 

where x is the distance from compressor face and r is the radius of the machine. The nth 
spatial Fourier transform 66, is of the form [41, 551: 

(4.5) 66 - e j ( n 6 - ~ n t )  e ant 
n -  

The rotation and growth rate of the nth spatial harmonic is represented by u, and o, respec- 
tively and O is the circumferential position. As the system's behavior is linear and decoupled 
if perturbations are at small amplitude, each spatial harmonic can be controlled by a separate 
feedback controller [4]. At each instant t ,  the measurements from the K sensors are Discrete 
T ime Spatial Fourier transformed in order t o  decompose these measured signals into spatial 
harmonics [55]: 

where Ok is the angular position of the kth sensor: 

~ 2Tk 

n represents the order of the spatial harmonics, and C k ( t )  is given by: 

co 
Ck(t) = An(t)ejn6k 

,=-o0 

The rotating stall controller describes the relation between sensed perturbations and control 
actions for each spatial harmonic to  be controlled. In this case, the phase Pn represents the 
spatial lag for the nth controlled spatial harmonic. The effect of gain and phase on the point 
of instability is studied from the linearized Moore-Greitzer model [50]. Remark that n is 
smaller than half of the number of sensors due to  the Nyquist frequency limit. Application 
of complex-valued proportional feedback t o  experimental set-ups shows promising results for 
surge control [27, 561 and rotating stall control [41, 5.51- 
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An important drawback of complex-valued proportional feedback is the limited operating 
region where the  controller is valid due to  the linearized models used for controller design. 
Gain scheduling can circumvent this design problem. Nevertheless, nonlinear controllers deal 
directly with nonlinearities and they are expected to  enlarge substantially the domain of 
attraction of an equilibrium point [4, 59, 651. Recently, a few nonlinear surge controllers have 
been proposed: e.g., a quadratic feedback law [65],  a nonlinear model-based input-output 
feedback linearizing controller [7], a back stepping design [30, 451 and a ?Lm controller [3 ,  641. 
In [7], the response of a compression system with a nonlinear Controller t o  large rapid set-point 
changes is compared with a conventional PD controller. Both controllers stabilize the system 
beyond the “natural” surge line with comparable control action. However, the compression 
system with the  nonlinear controller shows fewer excursions than the linear controller. 

Badmus e t  al. [5] control rotating stall by nonlinear feedback disturbance rejection. In this 
approach, a nonlinear controller is designed to  attenuate the effects of the disturbances on the 
equilibrium point. For further details about this approach, see, e.g., [52, Chapter 71. In [5], 
persistent and impulsive disturbances are directly addressed by feeding back the  amplitude 
of the first harmonic of the rotating stall wave t o  the  throttle valve. 



Chapter 5 

Conclusions and Future Research 

In this report an overview is presented of the current status of active control of rotating stall 
and surge. However, by no means this overview is supposed t o  be exhaustive. This chapter 
summarizes the main conclusions of this literature study and mentions some directions for 
future research. A distinction is made between conclusions and recommendations concerned 
with the modeling of compressor flow dynamics and those related t o  its control. 

5.1 Modeling of Compressor Flow Dynamics 

Aerodynamic flow instabilities are generally much better understood in axial than 
in radial compressors 

Although a considerable amount of published research is available about rotating stall and 
surge, a model that  describes the main features of various types of these aerodynamic flow 
instabilities is lacking, particularly for radial compressors. Nevertheless, the behavior of com- 
pressor systems subsequent, t,o instability onset, is reasonably grasped although unstable flow 
phenomena in axial compressors are generally much better understood than in radial compres- 
sors. The main reason for this deficiency for radial compressors may be the strong dependence 
of the type of the occurring aerodynamic flow instabilities on compressor configuration and 
physical parameters [29]. Recall tha t  system stability is influenced by the matching of sev- 
eral components and their geometries vary in a wide range. The shape of the compressor 
characteristic and hysteresis effects are also assumed t o  play an important role in the type 
of instability met. Note that  the classification of different types of rotating stall and surge is 
not unique [44]. 

Rotating stall is supposed to  be dominant in low-speed axial compressors while surge occurs 
a t  relatively high speeds in both axial and radial compressors [34]. Although rotating stall 
is encountered in radial compressors as well, its effect on the performance of radial machines 
is often believed t o  be small. Moreover, compressors are more likely t o  show disturbances 

46 
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associated with rotating stall than surge if the plenum volume is decreased. Both influences 
of rotor speed and plenum volume are captured by the Greitzer [31] and Moore-Greitzer 
model [50]. 

Moore-Greitzer model can describe the behavior of the compressor system subse- 
quent to the onset of rotating stall and surge 

So far, only the  Moore-Greitzer model can describe the possible growth and decay of axial 
and circumferential perturbations into rotating stall and surge during transients. This model 
seems an useful starting point for further investigation although it  is not capable of describing 
the formation of finite stall cells without modal perturbations [18, 441. One point of interest is 
the extension of the Moore-Greitzer model t o  radial compressors and the prediction capability 
in case axial as well as circumferential disturbances are present in the system. Another 
research topic may be the parallel compressor concept [33] which enables the extension of 
existing one-dimensional models to  two-dimensional models [3]. Moreover, research into the 
modeling of 3D flow phenomena [48], e.g., part-span stall, is a prospective challenge. 

5.2 Control of Compressor Flow 

Rotating stall and surge control by complex-valued proportional feedback shows 
promising results 

Considering the  experimental results presented in literature, it is concluded that  active surge 
control is still in a research stage but actual implementation in industrial practice seems a t  
hand. Recently, promising results have been achieved in the field of rotating stall control as 
well [5, 41, 551, but control of rotating stall in multi-stage high-speed axial compressors is 
claimed t o  be a difficult problem [44]. In particular rotating stall control has t o  be further de- 
veloped before implementation in standard compressor pressure and capacity control systems 
is possible. In the first rotating stall and surge control systems, complex-valued proportional 
feedback controllers are used which can realize a reduction in mass flow a t  the instability 
point between 5% and 25%. Additional research into complex-valued proportional feedback 
is required t o  gain insight in: (i) the details behind the practical implementation and (ii) the 
benefits of this controller in relation to standard control concepts. From the author’s point 
of view, the damping and natural frequency in Eq.(4.3) can also be easily adapted by using, 
e.g., conventional PD control. 

Nonlinear controllers are expected to  improve the performance of the compressor 
system 

Improvement of the prediction capability of compression system models will be beneficial 
for model-based controller design. As discussed in the previous paragraph, apart  from a 
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few exceptions, only simple proportional feedback controllers are used currently to  stabilize 
the compression system. Up t o  now, little attention is paid t o  disturbance rejection and 
robustness of the closed loop. More advanced, nonlinear controllers are expected t o  realize 
some performance improvements. Further fields worth investigating are the influence of sen- 
sors and actuators on controller effectiveness, the development of high-bandwidth valves, and 
integrated control of surge and rotating stall. 

In summary, a better understanding of the mechanisn(s) behind the onset of aerodynamic 
flow instabilities may allow refinements to  existing models and may give new insights into 
methods of suppressing these instabilities. 
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