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Societal Summary

Integrated circuits (IC’s) are widely used in devices nowadays to control process parameters.
Examples are transportation vehicles, medical equipment, computers and phones, and
industrial plants. The amount of IC’s in all types of products has increased tremendously
during the last decades. This functionality became usable by miniaturization of the IC’s,
which enabled to apply more components within the size of an IC, combined with a decrease
in production cost. The most important step in the production of IC’s is the illumination of the
IC pattern on the surface of a wafer which is provided with a photo-sensitive layer. This
illumination is executed after positioning the wafer with respect to the optical column by
means of a motion stage. Mechanical vibrations in the motion stage take long to fade naturally
and compromise image quality as they limit the control systems’ bandwidth. They are related
to design specific natural frequencies of the motion stage. This thesis presents the idea of
adding mechanical damper devices to the motion stage to increase the damping of these
natural frequencies. This leads to a fast decrease of the vibration amplitude by dissipating the
energy stored in the vibrations. The result is an increase in control bandwidth, which allows
increased productivity and hence lower prices. Analyses have been performed on complex
stage designs to quantify the performance improvement. Experimental validation showed the
correspondence between theory and practice. This thesis proves a damper concept that enables
further increase of density hence functionality of IC’s. The boundaries of the societal impact
are not easily identified.






Summary

Robust Mass Damper Design
for Bandwidth Increase of Motion Stages

In the production of integrated circuits (e.g. computer chips), optical lithography is used to
transfer a pattern onto a semiconductor substrate, which is called wafer. This wafer is fixed on
top of a motion stage which positions the wafer’s surface with respect to the optical column
used for projection of the pattern.

The accuracy of the motion system largely determines the minimum feature size that can be
projected and the speed of the motion stage is a measure for the throughput. Both the accuracy
and the velocity of the motion stage are determined by a position control system which exists
of a feedback loop with a PID" controller and a feedforward path. The gain of the feedback
loop, which has to be high to counteract disturbances, is usually limited by flexible behavior
of the stage mechanics. The resonance frequencies as well as the modal damping values of
these resonances determine to what extent bandwidth limitations exist. An increase of the
modal damping, which is usually low in high-precision mechanical designs, results in a
decreased amplification factor at these resonances and, therefore, provides additional room to
increase the controllers’ frequency dependent gain.

This thesis addresses the challenge to increase the modal damping of the bandwidth limiting
resonances of motion stages. This modal damping increase is realized by adding passive
elements, called robust mass dampers (RMDs), at specific stage locations. These RMDs exist
of a mass, mounted to the stage by a parallel spring and a high-damping dashpot and provide
robust and broad banded damping to the flexibilities.

The theoretical advantages of RMDs for an abstracted stage model and ideal damper models
are used as a starting point and a closed-loop criterion is derived as performance measure for
further optimization

A robust mass damper design is presented based on a high-viscosity fluid in order to maintain
linear time-invariant behavior and the performance limitations of this damper are investigated.
Especially, the linear visco-elastic behavior introduces differences with respect to an ideal
damper model. Multi-mode Maxwell models are created to take this behavior into account.

Subsequently, two complex motion stage designs are elaborated and RMDs are designed in
order to maximize the performance. The damper parameters that have to be determined are
mass, stiffness and damping. In both cases, the optimal RMD parameters are obtained by
executing optimization algorithms. These optimizations include models, obtained by finite-
element modal analyses and RMD models which include the linear visco-elastic fluid model.



The first motion stage design is optimized based on an open-loop criterion for modal damping
increase between 1 and 4 kHz. Experimental validation shows that a suppression factor of
over 24 dB is obtained in this frequency range. In addition, a suppression of 19 dB is visible
up to 6 kHz. Transient time responses show an amplitude decrease rate which is 20 times
faster for the damped stage than for the undamped stage. In addition, the optimization results
show that a larger suppression factor can be obtained by applying linear viscoelastic materials
compared to applying purely viscous damping.

The second motion stage design is optimized under closed-loop conditions and in addition to
the RMD properties as listed before, the controller parameters are included in the
optimization. RMDs are designed and experimental identification of both the undamped and
damped stage is performed. For the stage with RMDs, a low-frequency sensitivity
improvement of 9 dB is proven in the vertical direction of motion for a PID" controller by
experimental validation on a six degree of freedom experimental motion stage. This
corresponds to an increase of the bandwidth frequency of 50 %.

In addition to the improvements in input-output behavior (frequency response function), the
stage shows inherently better damped behavior for a number of modes. This improves the
spatial behavior for modes that are not observed in the FRF.

The theoretical and experimental results show that there is great potential of using the Robust
Mass Dampers as an add-on to high-precision motion stages with high bandwidths.

vi
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Chapter 1
Introduction

Abstract - This chapter introduces the research objective of this thesis, which focusses on
bandwidth limitations of high-precision motion stages. A brief overview is given regarding
the history of IC production and the application of motion stages in this field. Performance
limiters are listed, of which one is elaborated in this thesis. Specifically, the performance
limiting behavior of the stage’s mechanical design in terms of flexible modes and the relation
with the modal damping of these modes is studied. Subsequently, the goals of the thesis are
listed and research objectives are defined in order to structure the problem and present sub
problems. Finally, the outline of the thesis is presented and the relations between the topics
are visualized in a table.
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1.1 IC production and lithography

In 1958, the first functional integrated circuit (IC) was presented and in the years afterwards
the applications for these types of circuits grew enormously. Already in 1965, Gordon E.
Moore wrote an article in which he predicted the increase of functionality of integrated
circuits for the next decade [61]. This prediction estimated the miniaturization factor of
components on integrated circuits, which proved to be correct, and after 1975, this
observation became driving in further miniaturization. Nowadays, the idea behind 'Moore's
law' is such widespread that planning trajectories for the development of these components
were — and often are — based on this observation instead of technological possibilities and
difficulties [62,80]. In this way it might be seen as a self-fulfilling prophecy. Since the
publication by Moore, many publications have elaborated upon the difficulties in maintaining
the miniaturization rate over time [45,56,73] and the new possibilities that have been
developed to satisfy this prediction [96]. The miniaturization of ICs lead to 1) an increase of
functionality per volume, and 2) a decrease in energy consumption per IC operation. In
addition to the continuous miniaturization, 3) the cost price per integrated circuit has
tremendously decreased, which enabled to implement these devices in a large part of
industrial machines and consumer products.

The key production step determining the performance of ICs is the projection of the
functional pattern on the surface of a substrate. The substrate is a thin round silicon disc called
wafer.

Figure 1.1: Image of the illumination process. The light beam subsequently passes: optical components
to condition the light; the reticle which contains the pattern to be projected and, finally, illuminates the
pattern on the surface of the wafer.
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The functional pattern of an IC is projected in a scanning motion in a machine that is called a
wafer scanner. See Figure 1.1 for an impression of the illumination process. The smallest
feature size that can be produced is related to the wavelength of the light and the accuracy of
the wafer scanner. These properties, therefore, determine the miniaturization rate. The
scanner’s throughput is related to the scanner’s speed and therefore to the production cost of
an IC.

The quality of the projected pattern is mainly a function of:

e the quality of the optical system, which includes 1) the light source in which the used
wave length is important, 2) the optical path and the components that are applied in
the optical column, 3) abilities to adapt the projection pattern by optical corrections
and 4) the quality of the projection surface and the 5) properties of the photosensitive
resist, and

e the accuracy of the motion system that takes care of the positioning of the wafer (and
reticle, with the original image) with respect to the optical column.

The maximal throughput is mainly limited by:

e the sensitivity of the resist with respect to the applied wavelength of the projection
light and, therefore, by the output power of the light source, and

¢ the velocity of the motion system and the achievable accelerations and related settling
times.

The second points for both projection quality and throughput are related to the motion stage’s
performance and are further subject of this thesis.

1.2 Motion stages

The performance of high-tech motion systems improved significantly during the past decades.
Especially, in the field of lithographic systems, very fast and accurate motion stages have
continuously been developed:

e the accelerations and velocities have been increased,
e the accuracies have been increased,
o the wafer diameter and therefore the wafer area has been increased.

It is expected that these trends will continue in the future. To enable these developments, the
complexities of the systems have manifold during the past decades. Roughly 3 decades ago, a
wafer scanner contained:

e asingle level wafer stage with three in-plane position control loops,
¢ asingle DoF controlled reticle stage.

Nowadays, this device contains:
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e a serial double wafer stage principle with both stages fully position controlled (12
loops),

e a serial double reticle stage principle with both stages fully controlled (12 loops).

With all functionality included, over 40 simultaneously operating position control loops are
present in a modern wafer scanner. The points above clearly show the increasing importance
of the position control systems in the performance.

A high-precision motion system exists of a mechanical stage part, which accommodates for
force actuators and position sensors. The acceleration forces are mainly created by an
amplifier, with a setpoint trajectory and a feedforward control path. The system’s stabilization
and robustness against disturbances is provided by feedback control: position measurements
enable to calculate position errors and apply actuator forces to suppress these errors. The
higher the controller gain can be designed the smaller the position error due to low-frequency
disturbances will be. This principle is known as high gain feedback.

1.3 Performance limiters

The controller gain in practical cases is limited by several factors:
¢ limitations in actuator forces and amplifier currents,
e the finite accuracy of the sensors,
¢ the presence of time delays,
¢ the presence of flexible dynamics in the mechanical components.

Especially, the presence of flexible stage dynamics is becoming more and more limiting for
the performance. The natural frequencies of motion stages are designed as high as possible to
enable high controller gains. Materials with high specific stiffness and low density enable
these high frequencies. In future stage designs however, the mechanical design for high
natural frequencies will be increasingly difficult: the stage accelerations have to increase
further to enable larger throughputs. In case of larger actuator sizes the stage mass increases
and more energy will be dissipated, which causes thermal problems. A decrease of the stage
mass enables to obtain large accelerations, however, without decreasing the stage’s outer
dimensions, it limits the amount of structural material that can be distributed in the design
phase and decreases the stage’s static stiffness. This approach makes it more difficult to
obtain high natural frequencies. An additional drawback in these types of precision designs is
the low damping present at these frequencies. The prevalent materials for these applications
contain low material damping and interfaces are designed with low damping, hysteresis and
friction.

The resulting resonances can be counteracted by increasing the controller complexity with
notch filters, however, the controller complexity is usually restricted by implementation limits
and robustness problems at high frequencies. In addition, over-actuation and over-sensing can
be applied in order to make non-rigid modes observable and controllable. These active
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solutions however, lead to complex controllers and are able to cause unstable behavior of the
closed-loop system.

1.4 Thesis goals

The goal of this thesis is to explore mechanical design in order to adapt the dynamical
behavior in such a way that the stage becomes better controllable. The hardware for control is
considered to be fixed to enable comparison between different plants. The hypothesis is that
the performance of the motion system can be increased by increasing the modal damping of
the non-rigid body modes by making use of passive (local) added mechanical dampers. Such
dampers change the dynamics of the original system and, therefore, the resulting natural
frequencies and mode shapes differ from the original ones. In case of relatively small damper
masses however, most new frequencies and mode shapes are highly comparable to the
original ones, except for the damping, which has been substantially increased. The idea in this
thesis is to apply large damping values in these passive dampers. This results in broad band
damping of the mode shapes. This solution is inherently stabilizing the system due to the
principle of energy dissipation.

To enable investigation of the performance of a motion stage, firstly, a dynamic model of the
stage is created and frequency responses are visualized. In this thesis, one of the most
important assumptions is that the controller structure is fixed. This assumption allows
investigating the performance increase that can be reached by adapting the plant
characteristics. Design-specific performance limiting behavior is evaluated from a feedback
control point-of-view. Secondly, the mechanical (passive) dampers are added to the stage
model to improve the performance. The positions for these dampers is determined and
properties for practical elaboration are included. Thirdly, the performance of the stage for one
direction of motion is optimized.

Different levels of motion stage elaboration are shown in this thesis. Simple and abstracted
stage models are used to illustrate the solution principle. In addition, complex motion stage
designs are subject to performance optimization procedures with practical constraints
included. Both open-loop and closed-loop improvements are shown to prove the value of the
approach for realistic stage designs.

To meet the research goal, the following objectives are formulated:
1. Development of broad banded damping devices

Investigation of the ability to suppress resonances in a broad-banded manner by
passive damping devices. These devices should contain robust behavior to be able to
suppress more than one resonance.
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2. Investigation of practical limitations

Investigation of the practical limitations that arise due to differences between ideal
theoretical dampers and an elaborated damper design. Realistic material properties
have to be included to account for the difference in performance.

3. Performance optimization for full complexity motion stage designs

Both open-loop and closed-loop performance optimization criteria have to be
determined and optimization criteria have to be formulated in order to maximize the
performance for full complexity motion stage designs.

4. Experimental validation

Implementation of specific damper designs on motion stage experimental setups in
order to validate the improvement factors and compare the theoretical improvements
with the experimental results.

1.5 Outline

The main content of this thesis is split into five chapters, which deal with the following topics:

Chapter 2 describes a concept to increase the modal damping of an abstracted motion stage
over a broad frequency range and the term robust mass damper is introduced. Closed-loop
improvements are demonstrated based on open-loop analysis with ideal dampers. The ability

to create these robust mass dampers is proven by a test setup based on an ultra-high viscosity
fluid.

A closed-loop performance criterion is presented in Chapter 3, based on the stage and damper
models introduced in Chapter 2, and an iterative approach is elaborated which enables to
improve closed-loop behavior. This chapter provides insight in the bandwidth limiting
resonances and an approach to estimate the obtainable improvement factor.

Chapter 4 presents linear viscoelastic (LVE) characterization of the viscous fluid applied in
Chapter 2 to estimate the frequency dependent material behavior more accurately. The
damper setup presented in Chapter 2 is adapted to enable both fluid characterization and
validation of the obtained models. For practical implementation, a multi-mode Maxwell
model has been derived.

The fifth chapter describes the mechanical design of a complex motion stage with realistic
natural frequencies. Optimal damper locations are investigated to obtain maximal resonance
suppression. Subsequently, an open-loop optimization criterion is formulated to maximize the
suppression of resonances in a specified frequency range. The LVE damper model as obtained
in Chapter 4, is applied in this analysis to calculate realistic improvement factors. The
analytical results are verified by experimental validation of the stage with dampers added.

Closed-loop performance optimization of a 6 DoF position controlled prototype motion stage
setup is described in Chapter 6. Design parameters for the dampers including the LVE fluid
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model obtained in Chapter 4, and controller parameters are combined in a global optimization
formulation to improve the behavior of the single-input single-output (SISO) control loop in
z-direction. The resulting parameters are used to elaborate the damper design. Experimental
validation is provided by identification of the undamped and damped stage and, subsequently,

Table 1.1: Overview of the subjects included in this thesis, arranged by topic.

Subject Chapter number
2 3 4 5 6 Appendices

Theory

Open-loop damping analysis 4 4

Closed-loop damping analysis 4 4

Fluid characterization v v

LVE damper model 4 4 4

Iterative approach v

Optimization approach v v
Experiments

Robust damping v

Fluid measurements v v

Open-loop improvements v

Closed-loop improvements v

high performance controllers are implemented to validate the gain in performance of the
stage. Theoretical results are compared with the experimental results to complete the
validation.

Finally, the main conclusions will be summarized in Chapter 7 and recommendations for
future research will be given.

Table 1.1 presents the different topics included in this thesis and shows in which chapter these
topics are described.

The five main chapters in this thesis are based on papers which are partially published and
submitted. Therefore, they can all be read independently. This induces that, especially
introductory parts, contain overlapping information. This is especially the case for Chapters 2
and 3, in which the abstracted stage model and modelling steps are similar. The approach to
gain improvement however, is different in these two chapters: open-loop versus closed-loop
analysis. In addition, Appendix C is in preparation for publication.
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Chapter 2
Robust Mass Dampers and

Broad Banded Damping

Abstract - In high tech motion systems, the finite stiffness of mechanical components results
in natural frequencies which limit the bandwidth of the control system. This is usually
counteracted by increasing the controller complexity by adding notch filters. The height of the
non-rigid body modes in the frequency response function and the amount of damping
significantly affect the achievable bandwidth. This chapter describes a method to add
damping to the flexible behavior of a motion stage, by using robust mass dampers which are
mass-spring-damper systems with an over-critical damping value. This high damping results
in robust dynamic behavior with respect to stiffness and damping variations for both the
motion stage and the damper mechanisms. The main result is a significant increase in modal
damping over a broad band of resonance frequencies. For the decoupled frequency response
functions in z -direction with a PID" controller applied, this results in a bandwidth
improvement of over 150%, which leads to a disturbance suppression of over 10 times for
both force and displacement disturbances. A damper test setup has been realized and tested to
validate the possibility to create dampers with such large damping values in a relatively small
volume.

This chapter is based on [104]
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2.1 Introduction

In the industry of high-end manufacturing, for instance in the semiconductor market, various
processing and measurement steps take place using positioning tables or stages. The
throughput of these systems is directly related to the accelerations and velocities of the motion
system. The functional density of the product, in other words, the minimum feature size, is
related to the accuracy of the motion system. Both throughput and accuracy lead to conflicting
requirements for the motion stage: high accuracies in combination with high accelerations. A
positioning table is part of a system, in which mechanics, electronics, a control system, a
measurement system and an actuation system have to work together properly for optimal
performance [97]. In case of motion systems, the combination of the control system and the
dynamics of the mechanical design often limits the performance of the system [16]. As long
as accurate sensors are available and operating frequencies of the electronic subsystems are
orders of magnitude higher than the natural frequencies of the mechanical system and, if the
actuators are chosen correctly with respect to the motion task, these components may not limit
the performance of the system. For now, assume the electronics, measurement system and
actuators to be perfect, which leaves the combination of the mechanics and the control system
to be analyzed in more detail. For such situations the motion system can be seen as a
mechanical device with position measurements and force actuators. After decoupling into a
preferred coordinate system, standard PID-type controllers are able to stabilize such a motion
system. In practice however, more complex controller components, such as notch filters, are
implemented to deal with the non-rigid body (NRB) dynamics [86]. A drawback of notch
filters is that the robustness often becomes a point of concern: in case of shifting natural
frequencies, the notch filter is not placed correctly anymore and the closed-loop stability of
the system may become questionable. The amount of structural damping at the resonance
frequencies determines the achievable bandwidth to a certain extent. However, high-precision
designs often lack damping: monolithic stages have few mechanical connections, materials
like aluminum or ceramics and vacuum environments devoid of squeeze film damping
contribute to this property.

Many methods have been investigated to add damping to mechanical systems, components or
materials. Materials have been developed that inherently display a high damping coefficient.
External damping mechanisms are designed: passive examples are constrained layer damping
and squeeze film damping [40]. An active solution is the use of additional actuators and
sensors to make flexible behavior observable and controllable [82,105]. In some applications,
structural mass is exchanged by additional actuators to provide active damping [74]. Although
the damping can be increased, often a substantial stiffness decrease is resulting, which
counteracts the advantages obtained by the damping increase.

This chapter proposes to make use of a few mass-spring-damper systems with over-critical
damping values, to add broad band damping to the higher order out-of-plane dynamics of
relatively flat positioning stages. The contributions of this chapter are to provide a design
method and solution which has the following properties:

e create broad band damping to mechanical resonances,
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® cnable performance increase in z-direction (out-of-plane),
® increase the plant robustness.

Section 2.2 briefly introduces the traditional tuned mass damper concept. In Section 2.3 a
simplified stage model with low modal damping is presented. A controller is designed and the
performance of the system determined. Section 2.4 introduces the stage model with dampers
added and the damping increase and performance increase is investigated. In Section 2.5 the
performance increase in z-direction is presented in the frequency and time domain. Section
2.6 shows the results in the rotational ¢- and -direction of the motion stage due to the
increase in modal damping. Section 2.7 presents the robustness increase of the plant. A
mechanical design of a damper is discussed in Section 2.8 and measurements are presented.
Finally, Section 2.9 enumerates the conclusions.

2.2 Tuned Mass Dampers

One way to add damping to a specific resonance frequency of a mechanical structure with low
damping is by applying a tuned mass damper (TMD), as for instance described in [25]. A
tuned mass damper is a passive device, consisting of a structural mass m mounted on a spring
and damper in parallel. See Figure 2.1a and Figure 2.1b. Mass M represents the main
structural mass and m represents the added mass of the TMD. The effectiveness of the TMDs
is related to the mass ratio between m and M. To obtain a substantial suppression factor in
combination with a relatively small increase in mass, the mass ratio is usually determined to
be approximately 5-10 % of the main structural mass. The undamped natural frequency of the
TMD is a function of the mass and stiffness of the TMD and has to be tuned close to the
targeted natural frequency of the main structure. Subsequently, an amplitude reduction of the

() (b) (©
- — — — FRF main system

T x(t) x(t)T c _|_ d ~60H FRF with TMD

M M
,90 L.

TF(t) TF(t) 100 L o
C C 10'
N =
i) |
AN N ,90,

—70k

—80k

Magnitude [dB]

Frequency [Hz]

Figure 2.1a: Main structural mass model with force actuation F(t) and position measurements x(t)
Figure 2.1b: Main structural mass with a TMD added to reduce the vibration amplitude
Figure 2.1c: Bode diagrams of the undamped and the damped system indicated with the dashed line
and continuous line, respectively. The corresponding parameter values are a main mass M of 10 kg and
a TMD mass m of 0.75 kg.

"
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main structure is achieved at the resonance frequency by adjusting the correct amount of
TMD damping, see Figure 2.1c. Equations for optimal stiffness and damping values can be
found in [25]. A drawback of the TMD is the relatively large sensitivity of the suppression
factor for variations in stiffness and damping values. An analysis and design method to deal
with this sensitivity is presented in [109]. This sensitivity also holds for natural frequency
variations of the main structure. The overall system performance will be strongly affected by
parameter variations of the dynamics. One can think of variations caused by wear,
temperature variations, varying frictions and position dependent natural frequencies of
moving mechanical components. TMD’s are well-understood and have proven to be useful in
a widespread field of applications, for instance: automotive industry, buildings and structures,
airplanes, machine frame designs and space structures, see for instance [34,46,72]. Different
types of TMD’s exist, depending on the field of application. In addition, more complex TMD
configurations are investigated to achieve an efficiency increase per unit of damper mass
[111]. Although TMD’s are often designed as passive devices, also semi-active [53] and
active variants are described [70]. A comparison between passive and active dampers can be
found in [44]. A method to add damping within a frequency band with multiple TMD’s is
shown in [107]. A main advantage of the TMD damper configuration is that these structures
do not introduce reaction forces in the machine frame. Notice that for all the mentioned
applications of TMDs, the effects are always intended for damping of one specific frequency
of the structure. This is what is different to the broadband method proposed in this chapter. To
this end, a TMD with an over-critical damping has been developed and this device is called
Robust Mass Damper (RMD). Before the details of such an RMD are described, firstly, the
stage dynamics of motion systems have to be addressed.

2.3  The undamped stage model

2.3.1 Abstracted stage model
The goal of this chapter is to investigate and adjust the out-of-plane vibrational behavior of a
motion stage with relatively large length-height-ratio. Especially, the bandwidth limiting
high-frequency dynamic behavior is of interest. The most simple and abstracted three-
dimensional model of such a table is a square plate. A characteristic property of a thin plate is
the presence of mode shapes with relatively large out-of-plane displacements. The first three
non-rigid-body (NRB) modes are presented in Figure 2.2: a) torsion mode, b) saddle mode

a) Mode #7: Torsion mode b) Mode #8: Saddle mode ¢) Mode #9: Umbrella mode

Figure 2.2: First three non-rigid body mode shapes of a square plate in order of appearance.
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and c¢) umbrella mode, respectively. As model, an aluminum plate with dimensions of
600x600x 10 mm® is created and a modal analysis is performed. 3D shell elements are applied
and subsequently the plate’s free and undamped natural frequencies and corresponding mode
shapes are calculated using NX 7.5 equipped with the NX Nastran® solver module. From the
results of the modal analysis, the displacements of the first hundred mode shapes and the
corresponding natural frequencies are exported, including the 6 Rigid-Body (RGB) modes.
These RGB modes appear as low-frequency modes without deformation. The exported
displacements are used to create a dynamic model of the plate in state space modal-1
description. The modal-1 description [33] is preferred because the modal-3 description results
in larger condition numbers resulting in worse numerical accuracy for high frequencies. A
modal damping of 0.003 is applied to the model, which is an experimentally determined
damping value for a precision design operating in atmospheric conditions. The dynamic
model and post-processing scripts are created in Matlab®. This model is further referred to as
undamped model:

x = Ax + Bu (2.1)
y=Cx+Du (2.2)
10 Q _ 0
A= [—Q —ZZQ] B= [(‘DBinput] 23
Coutp quﬂ_l 0]
C = - D=|0 2.4
[0 Contp.n® [0] (2.4)

Matrix A contains the natural frequencies of the plate and its dimensions are (2-Nmodes X
2-Nmodes). Matrix B is the input matrix with dimensions (2-Nmodes X Ninputs) and matrix C is the
output matrix with dimensions (Noupus X 2-Nmodes)- Matrix D is the direct throughput matrix
and has dimensions (Noupus X Ninputs)- Diagonal matrix () contains the natural frequencies of
the plate and diagonal matrix Z contains the modal damping values corresponding to these
natural frequencies. The modal damping value amounts 0.003 for all resonances of the plate
model. Matrix @ contains the mode shape displacements of the plate, calculated by FEM.
Matrix Bjppy: lists the nodes that are necessary as input, for both RMD’s and actuators.

Matrices Coytp g and Coyrp  list the displacement (q) and velocity (v) output nodes
respectively, for both the RMDs and the position sensors.

2.3.2 Actuators and sensors
Actuator and sensor locations are chosen to calculate frequency response functions (FRFs) for
controller design purposes. Figure 2.3 presents the plate with the actuator positions, sensor
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Figure 2.3: The square plate model with the positions of the force actuators (F; ... ,(t)) and sensor

locations (z; ... 4(t)) indicated.

positions and the center of gravity (COG) indicated. The actuators and sensors act in z-
direction. The sensors are placed on the outer edges of the positioning table because the table
center is reserved for the process. Therefore, four position sensors are assumed to be present
on the stage’s corners. The actuator positions are located on the plate diagonals at 0.2-/ from
the plate’s edges. This is approximately the distance that minimizes the static deflection of the
stage and is therefore often used in practical designs. For the investigation of bandwidth
limitations it is of importance to note that the actuator and sensor positions are placed in a
non-collocated configuration. The actuators are modeled as force inputs. These force inputs
are specified in input matrix Bju,., (2.3) and the sensors are modeled as displacement outputs
and are specified in output matrix Couyp 4(2.4).

[l 1 1 1] -1
T _l xa,l xa’2 xa,3 xa,4 | 25
u _l Ya1 Ya,2 Ya,3 Ya,a | ( : )

NRB,1 NRB,1 NRB,1 NRB,1
|-®a,1 q)a,z q)a,3 ®a,4 JCOG
@NRB1 -1
1 Vs Xs,1 s,1
NRB,1

- L ¥s2 x5, @) o6
y - (pNRB,l ( : )

[1 Ys,3 Xs,3 s,3

1y NRB,1
s4 X ()
s4  Ts4 Hdcog

2.3.3 Decoupled transfer functions
A geometrical decoupling procedure with respect to the center of gravity of the plate is
applied to obtain a plant transfer function matrix in which the rigid body behavior dominates
at the diagonal components. This approach enables to apply diagonal controller design for the
plants at the diagonal components. In this case, the z-, ¢- and y-directions are decoupled,
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Figure 2.4: Bode diagram of the SISO frequency response function of the undamped plate in z-direction,
obtained by geometrical decoupling around the center of gravity.

which represent the vertical direction of motion and the rotations around the horizontal x- and
y-axis, respectively. In addition, the four actuators and sensors in z-direction enable to
decouple the first non-rigid body DoF, which is the torsion mode for this plate. A figure of the
torsion mode is presented in Figure 2.2a. The coordinates of actuators and sensors are used in
decoupling matrices Ty, (2.5) and T), (2.6) to decouple the RGB modes. Components from the
mode shape matrix (@), corresponding to the position of the actuator and sensor nodes, are
used to decouple the torsion mode. In the resulting transfer function matrix, the diagonal
terms are dominant for low frequencies. This phenomenon allows implementation of a
diagonal controller matrix, preferably obtained by sequential loop closing: controllers can be
designed for the separate loops independently and as a result performance can be determined
independently for every decoupled loop. For this chapter, the focus is mainly on the transfer
function in z-direction, of which the SISO frequency response function is shown in Figure
2.4. This FRF behaves collocated for the first two zero-pole-combinations. The phase drops to
-360 deg at the third resonance due to the actuator and sensor positions and the FRF becomes
non-collocated. This behavior finally limits the bandwidth of the control system. The
bandwidth is defined as the first top-down crossing of the O dB open-loop gain.

2.3.4 Controller design
This chapter describes an improvement of a motion system’s dynamical behavior. Firstly, a
definition of performance has to be stated in order to quantify improvements. In this chapter,
the performance indicator is defined as the bandwidth. This choice is justified by the relation
between bandwidth and disturbance suppression and the ability to track setpoints. Closed-loop
performance is evaluated using controllers of equal order to make plants comparable. In this
chapter, relatively simple controllers are applied containing the following components:

® gain,

® integrator,
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o lead filter,
e 1% order low-pass filter.

The combination of gain and lead filter stabilizes the system by creating a defined 0 dB
crossing. An integrator is added to increase the realism of the analysis: the low-frequency
open-loop gain is increased to suppress steady-state errors and the achievable bandwidth is
restricted by the additional phase lag. For comparison reasons, the zero of the integrator is
placed exactly at 1/5th of the bandwidth. A low-pass filter is added to create high-frequency
roll-off. Figure 2.5a shows the Nyquist diagram and Figure 2.5b shows the open-loop FRF of
the undamped plate. A modulus margin of 6 dB which is the peak value of the absolute
sensitivity function, is used as design criterion. The resulting bandwidth is 28 Hz. The
bandwidth-limiting resonances are visible in the Nyquist diagram. The first resonance around
160 Hz is not limiting, in contradiction to the resonances between 400 Hz and 2000 Hz. This
range is indicated in the Bode diagram of Figure 2.5b. Note that the large amplification factor
at the resonance frequencies is caused by the low modal damping that is included in the
dynamic model.

(a)

Imaginary axis

Real axis Frequency [Hz]

Figure 2.5a: Nyquist diagram of the open-loop of the undamped plate. The robustness margin of 6
[dB] is indicated by the grey circle and the bandwidth is indicated by the dotted line.
Figure 2.5b: Bode diagram of the open-loop of undamped plate with the range of bandwidth limiting
dynamics indicated by the arrow.

2.4  The damped stage model

2.4.1 The damper model
To increase the modal damping and suppress the amplification of the resonances, dampers are
added to the stage model. Caused by the presence of BW limiting behavior, the dampers are
dimensioned to influence this behavior: especially in the frequency range between 400 Hz and
2 kHz. The damper consists of a mass, mounted to the plate model by a spring and dashpot
placed in a parallel configuration. The RMD model is shown in Figure 2.6.
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x(t) 1 x(t)
Figure 2.6: Dynamic model of the RMD with displacement and velocity inputs x(t) and x(t) respectively,

and force output F(t).

Equations (2.7) and (2.8) show the system matrices of the nodal state space description of the
damper:

0 1 0 1
o =-cjy =ap,] o=l a &P
Crmp = [c d] Drup = —lc d] (2.8)

Matrix Agpp contains the system properties or, describes the velocity and acceleration of the
damper mass (damper states) as result of the displacement and velocity of the RMD mass.
Matrix Bgpp describes the contribution of the input displacement and velocity to the damper
states. Since the RMD is added to the plate, the reaction force of the RMD has to be
calculated and fed back into the plate. Matrices Crpp and Dgyp describe this part of the
system, which results in output y: the damper reaction force acting on the plate.

2.4.2 The damped plate model
Four damper models with equal parameter values are connected to the plate corners in order
to preserve the stage symmetry. This is favorable in case of geometrical decoupling as
discussed in Section 2.3.3. The specific resonances which limit the bandwidth of the system
have relatively large displacements at the plate corners and therefore higher velocities are
present there. These positions were hence chosen to connect the dampers to. Figure 2.7
presents the plate with four dampers added in z-direction. With respect to the RMD mass m, a
tradeoff has to be made: a relatively large mass enables to influence the plate dynamics
heavily. On the other hand, large RMD masses contribute significantly to the overall stage
mass: therefore, it decreases the acceleration rate of the positioning table (if the actuators and
electronics are assumed unchanged). Firstly, the RMD masses are determined at 0.35 % of the
plate mass to avoid a large mass increase: the total mass increase is < 1.5 % of the plate mass.
Substantial damping can be added to a range of resonance frequencies with these amounts of
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Figure 2.7: Model of a square plate with 4 dampers added on the corners. The DoF of the dampers is in
z-direction. The four dampers have equal mass, damping and stiffness.

mass added. Secondly, the natural frequencies of the dampers are tuned equally around the
lowest resonance frequency of the motion stage by tuning the stiffness parameter c. As last
parameter, the damping value d should be determined. Figure 2.4 showed a Bode diagram of

the SISO z-component of the plant without dampers. Figure 2.8 shows an extension of Figure
2.4 with an additional parameter: the RMD damping value.

The dampers are included in the dynamic model and the SISO frequency responses are
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Figure 2.8: A 3-dimensional Bode diagram of the decoupled frequency response function in z-direction.
Only the magnitude part is shown. The additional axis shows the influence of the RMD’s damping
parameter on the dynamic behavior of the plant. The first nine visible plate resonances in this FRF are
indicated by the numbers 1-9. The dash-dotted line presents the behavior of the stage with dampers with
and very low damping value. This introduces additional dynamics at the damper frequency (Resonance
0 @ 90 Hz). The continuous line shows the behavior for a damping value of 250 Ns/m. The RMD
dynamics disappears for larger damping values and is not visible in case of the continuous line.
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calculated for different damping values. A range of Bode diagrams is shown for different
damping values of the dampers. The dashed line shows the behavior of the undamped plant,
as shown before in Figure 2.4. In this graph, the undamped plate resonances are visible of
which the first nine are numbered. Resonance 0 was not visible in Figure 2.4 and indicates the
dynamics added by the dampers itself. This RMD dynamics is visible as a pole-zero
combination in the dashed line. This undamped RMD behavior disappears rapidly for higher
damping values: for increasing damping values, one can see that the amplification at the
resonance frequency is suppressed rapidly. Although for every single stage resonance an
optimal damping value can be found, is the optimal damping value different for every
resonance. For instance: for an optimal suppression at resonance 1 (@ 160 Hz), the damping
should be adjusted to 30 Ns/m. For increasing damping values the suppression is sub-optimal
for this resonance.

For bandwidth increase a range of resonances between 400 Hz and 2 kHz has to be
suppressed. These resonances are numbered 2 to 6 in Figure 2.8. When looking in more detail,
one can observe that resonance 2 and 4 are effectively suppressed in case of larger damping
values. Resonance 3, 5 and 6 clearly show an optimal point, which is different for these three
resonances. A damping of 250 Ns/m is applied at the dampers: the corresponding behavior is
indicated in Figure 2.8 by the continuous line and shows a well-balanced suppression of
resonance 3, 5 and 6 and a full suppression of resonances 2 and 4. The amplification of the
resonances above 2 kHz is reduced as well, although less than in the frequency range
mentioned. Figure 2.9 shows both FRF’s again to show the gain difference at the resonance
frequencies. The parameters used are listed in Table 2.1.
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Figure 2.9: Bode diagram of the transfer functions of the plate without dampers and the plate with dampers
(250 Ns/m), both in z-direction. These two Bode diagrams correspond to the dashed line and solid line as
indicated in Figure 2.8. The resonances are numbered in the same sequence as applied in Figure 2.8.
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Table 2.1: Data which correspond to the results shown in Figure 2.9.

Name Value Unit
Plate dimensions 600x600x10 mm

material Aluminium

mass 10 kg
RMDs number 4 -

mass 35 g

stiffness 9700 N/m

damping 250 Ns/m

243 Verification of the frequency response functions

The frequency response functions resulting from both the undamped model and the damped
model are verified by FEM calculations. This enables to check if the coupling procedure
between the plate model and the damper models is executed correctly. The dampers are added
in the FEM model, with corresponding properties of the dampers added in the state space
model. The frequency response functions from actuators to sensors are calculated using fully
harmonic calculations, to compute the non-proportional damping in a correct manner and
obtain the most accurate result. The resulting frequency response functions are compared with
the ones obtained from the state space representation to verify the influence of the damping as
function of the excitation frequency. After validation, the state space model is proven to be
correct and, subsequently, it can be used in the analysis steps.

2.5 Performance improvement in z-direction

The goal of this research was to improve the modal damping of the higher order dynamics,
especially between 400 Hz and 2 kHz. The Bode diagram of Figure 2.9 indicates that this goal
is achieved based on the resonance amplitude suppression. In addition, the resonances above 2
kHz also display a damping increase.

2.5.1 Modal damping increase

To obtain a quantitative measure of the damping improvements, the modal damping of the
system poles is calculated and the result is shown in Figure 2.10. The horizontal axis
represents the frequency in Hz and the vertical axis represents the modal damping of both
plate models on a logarithmic scale. The initial modal damping of 0.003, corresponding to the
undamped plate model is indicated by the circles. The modal damping of the plate with
dampers is indicated by the crosses. A minor part of the crosses is still on the initial modal
damping value of 0.003. These unchanged poles can be divided in two groups. The first group
comprehends the in-plane mode shapes of the plate. The four dampers are not able to add
damping to these resonances, because the plate displacement is perpendicular to the damper
DOoF, i.e., they are unobservable and uncontrollable as seen from the RMDs.

20
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Figure 2.10: This figure shows the modal damping calculated from the system poles as function of the
pole frequency. The circles indicate the modal damping of the initial plate. The crosses indicate the
damping of the plate with dampers added.

However, these resonances do not appear in the frequency response function in z-direction.
The second group of low-damped poles contains the mode shapes that do have displacements
in z-direction, however, the displacement amplitudes at the corners are zero. The saddle
mode, as shown in Figure 2.2b, is an example of such a mode. These modes do show
displacements in z-direction, however, they are not visible in the decoupled frequency
response function and are, therefore, not bandwidth limiting. Consequently, these modes are
not included in the analysis. The modal damping of the modes visible in the frequency
response function in z-direction is increased substantially: between 400 Hz and 2 kHz the
modal damping is increased from 0.003 to 0.02. This improvement is indicated in Figure 2.10
and represents a modal damping increase of over 6.5 times.

2.5.2 Frequency domain performance

As a result of the increased modal damping, the Nyquist diagram shows a behavior in which
fewer resonances limit the bandwidth. This Nyquist diagram is presented in Figure 2.11a and
shows the product of the plate with dampers and a controller. The controller designed for this
damped plate allows for a gain which is 7 times larger than the controller gain of the
undamped plate. Therefore, the bandwidth has increased from 28 Hz. to 74 Hz. This indicates
a bandwidth increase factor of 2.6. The resulting open-loop frequency response function
shows a 17 dB larger magnitude for low frequencies than in the case without dampers, see
Figure 2.11b. The SISO sensitivity functions of the undamped system and the damped system,
both in z-direction (i.e. 1/ (1 + P,(s)C, (s)) ) are shown in Figure 2.12a, in which s is defined
as jw. The dashed line represents the behavior of the initial plate without dampers and the
continuous line shows the plate with dampers added. This figure shows that the low-
frequency disturbance suppression is improved substantially. Note that this low-frequency
improvement is realized by taking advantage of the Bode-sensitivity integral. The sensitivity
above the bandwidth (> 74 Hz) is enlarged by changing the characteristics of the plant
dynamics without crossing the modulus margin limit of 6 dB. The low-frequency part of a
sensitivity function can be approximated by S;z(s) = 1/P,(s)C, (s).
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Figure 2.11a: Nyquist diagram of the open-loop of the damped plate. The stability margin of 6 [dB] is
indicated, which is used for controller design.
Figure 2.11b: Open-loop Bode diagram of the undamped and the damped plate.

This indicates that the increased controller gain is directly visible in the disturbance
suppression, because the difference between the low-frequency plant gains can be neglected
(less than 1.5% difference caused by the added damper masses). At frequencies far below the
bandwidth, the suppression of displacement disturbances is improved by 22 dB. This means a
position  error  decrease @ of a  factor 12.  The  process  sensitivity,
Sp(s) =PR,(s)/ (1 + PZ(s)CZ(s)) is calculated to investigate the system performance with
respect to the suppression of force disturbances. The corresponding graph is presented in
Figure 2.12b. The low-frequency part of Sp(s) can be estimated as Sp(s) = 1/C,(s), which
means that the output error due to low-frequency force disturbances is also improved by 22
dB.

2.5.3 Time domain performance

In figure 2.13a, the step responses of both closed-loop systems are shown. The settling time is
defined as the time needed to reach a relative servo error less than 10 %. The undamped
system settles within 46 ms and the damped system within 17 ms. This means that the
damped system reacts 2.7 times faster than the undamped system. Figure 2.13b presents the
outputs of both systems in case of a 1 Hz displacement disturbance acting on the system. The
magnitude of the output error is improved over 12 times. The tracking error in case of a
sinusoidal input on the reference equals this factor (Sensitivity + Complementary Sensitivity =
1). Figure 2.13c shows the output reduction in case of a 1 Hz disturbance is applied on the
plant input. This improvement ratio is also 12 times.
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disturbance dg(t) at 1 [Hz] with amplitude 1 [N].

2.6 Performance improvements in ¢ - and Y -direction

In the previous section, the results in the translational z-direction were evaluated. The plate
model is equipped with four actuators and four sensors in z-direction. This enables to
investigate the systems rotational behavior around the x-axis and y-axis as well. These axes
are further indicated as - and i-direction, respectively. Figure 2.9 and Figure 2.10 showed
that the modal damping is increased for the resonances visible in the z-direction frequency
response functions from actuators to sensors. The decoupled frequency response function in
z-direction as well as the decoupled frequency response functions in ¢- and Y-direction are
linear combinations of these frequency response functions between actuators and sensors.
Therefore, the damper influence is also visible in the ¢- and -direction. The decoupled
frequency response functions of the plant in ¢- and y-direction are similar, caused by the
symmetry in terms of plate dimensions and TMD properties as well as in terms of actuator
and sensor positions. Therefore, only the ¢-direction will be investigated.

The open-loop behaviors of the plate with and without dampers, both in ¢-direction, are
shown in Figure 2.14. Two controllers are designed and performances determined. The
damping increase of the plants and the difference in controller gains are clearly visible. The
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Figure 2.14: Bode diagram of the open-loop frequency response functions in ¢-direction.

bandwidth is increased from 20 Hz in the undamped case to 58 Hz in the damped case. This
increase is a factor 2.9. Note that although this bandwidth increase is substantial, the increase
could be more if the dampers were designed specifically for this frequency response function:
the dampers are designed to optimize the performance in z-direction instead of the ¢-
direction. In case of the z-direction the third resonance (around 800 Hz) is mainly limiting the
bandwidth in contradiction to the frequency response function in ¢-direction, in which the
second resonance (around 400 Hz) is mainly limiting. To optimize the suppression of
resonances in the ¢- frequency response function, the dampers had to be designed to add
damping at lower frequencies, instead of the higher frequency band that is desired in z-
direction.

The Bode diagram of the sensitivity and process sensitivity are presented in Figure 2.15. The
bandwidth increase improves the low-frequency disturbance suppression with respect to both

force disturbances and position disturbances. The improvement factor equals 12 times (22
dB).

2.7 Plant robustness increase

The dampers as added in Section 2.4.2 have a relatively high damping value. This robustifies
the damper behavior with respect to variations in damping coefficient and natural frequency.
This property is contrasting with the sensitivity of a classical TMD w.r.t. parameter variations.
In case of a damping increase of 10 % of the dampers, the sensitivity peak increases to 6.06
dB, which is a relative increase of < 1 %. This insensitivity is an advantage with respect to the
production of the dampers: in case a damper has a slightly different damping value, it will still
work. Although the optimal behaviour will not be achieved, the overall dynamic behaviour is
still influenced in a positive way.
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Figure 2.15a: Bode diagram of the sensitivity functions of the plate in ¢-direction without and with
dampers.
Figure 2.15b: Bode diagram of both process sensitivities in ¢-direction.

Figure 2.16 presents the Bode diagram of the sensitivity function of the plate model without
dampers and the plate with dampers added. In all previous calculations, the plate modal
damping was assumed to be 0.003. To investigate the robustness of the system with respect to
plate parameter variations, the modal plate damping is changed to 0.002, which means a
decrease in modal damping of 33 %. The same controllers are applied as designed earlier. The
dashed line shows the sensitivity function of the undamped plate. The sensitivity peak
(modulus margin) amounts 8.31 dB in this case, which means an increase of 2.31 dB or 30 %.
The continuous line shows the sensitivity function of the plate with dampers. The maximum
value equals 6.05 dB. This is a sensitivity increase of 0.05 dB or, absolute, 1.1 %, caused by a
decrease in plate damping of 33 %. Here, the modal damping increase, as mentioned in
Section 2.1, becomes visible in terms of robustness. The dampers have a major contribution to
the modal damping of the resonances that are visible in the frequency response functions.
Therefore, the system becomes relatively insensitive to changes in the dynamical behaviour of
the plate itself.
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Figure 2.16: Bode diagram of the sensitivity functions of the undamped and damped plate in z-direction in
case of lowered modal plate damping ({ = 0.002 instead of 0.003).

2.8 Damper design & validation

This section describes the design and experiments of a one degree of freedom damper with a
high damping coefficient. In the analyses as described in Sections 2.2-2.7, an ideal mass-
spring-damper system is applied. This damper is designed and tested to prove that it is
possible to create dampers with over-critical damping values and with natural frequencies that
are high enough to be useful. The spring and damper are assumed to behave linearly: the
spring provides a force proportional with the relative damper displacement and the damper
applies a force proportional with the velocity difference between the plate corner and the
damper mass. These assumptions allow Laplace transformations and allow performing
analyses in the frequency domain. In addition, the vibration amplitudes of high-tech
positioning tables are small, which allows for assuming linear system theory. These small
vibration amplitudes lead to small damper strokes. Therefore flexures can be used to provide
for the guidance of the RMD’s moving mass. The dimensions of the flexures determine the
spring stiffness and therefore the natural frequencies of the RMD. An additional advantage of
flexures is the lack of hysteresis, which enables the damper to work even if the damper
strokes are very small.

2.8.1 Natural frequencies
The dampers are intended to act purely in z-direction and the remaining directions are
neglected. This can be translated in requirements with respect to the natural frequencies of the
RMD in z-direction. The natural frequency in this direction is determined at 1250 Hz to
validate the possibility of RMD design for stages with realistic natural frequencies. The
natural frequencies in other directions should be as high as possible to avoid the addition of
low-frequency parasitic dynamics to the plant. Figure 2.17 shows the FEM results of the
damper design. The frequency in z-direction is shown in the left plot and is 1250 Hz. The
second natural frequency is 8100 Hz and shows a rotation of the damper mass around the z-
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Figure 2.17: Natural frequencies of the damper mass. The first natural frequency is at 1250 Hz and the
second at 8100 Hz. The bottom surface is constrained by a fixed displacement constraint.

axis. This shows that the natural frequencies in other directions are over 6 times higher than
the main natural frequency and are assumed to be high enough, even for realistic
implementation, to avoid problematic changes in stage dynamics.

The second challenge is to create a damping mechanism with a high damping coefficient in a
relatively small volume. The damper is designed to be passive. This guarantees stability of the
damper systems itself and preserves from increasing complexity. As damping concept a
viscous fluid damper is chosen due to the following properties:

¢ the linear time-independent behavior,
e the ability to create an extremely large damping constant in a small volume,

e geparation of stiffness and damping in the damper design, which enables to design
mechanical properties for different directions independently,

¢ the supreme damping properties of fluids with respect to other damping materials: the
phase of a fluid is close to 90 deg for a large frequency range, which indicates that
viscous damping is included.

More information about the damper principle and the elaboration of the fluid damper is

force actuator

moving mass

leaf spring\ >
base — & ~

damping
mechanism

Figure 2.18: Damper test setup to measure the damping characteristics.
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provided in Chapter 4. The fluid applied is Rocol Kilopoise 0868 and is chosen based on the
extremely high viscosity of 220 Pas. The test setup is shown in Figure 2.18. A voice coil is
applied as force actuator and the RMD position is measured optically by a laser vibrometer.

2.8.2 Damper measurements

The measured frequency response function is shown in Figure 2.19 and is represented by the
continuous line. The dashed line represents the frequency response function of this
mechanism without damping. Note that the undamped natural frequency is decreased to 1100
Hz due to the mass contribution of the voice coil. The measurement shows that the next
natural frequency in this direction appears above 10 kHz. This is sufficient to be useful in case
of a realistic damper implementation on a positioning stage. The measurement clearly shows
that the damper mechanism is over-critically damped: the resonance amplification has
disappeared in the measured response. Although the resonance frequency is located at 1100
Hz, the phase delay caused by the high damping value is visible from approximately 10 Hz.
The frequency response function is measured with different force amplitudes as input to
examine the linearity of the system behavior. The same frequency response function is
obtained for different input amplitudes.

2.8.3 Improved damper model

The dash-dotted line represents a fit of the damping behavior. The simple mass-spring-damper
model, as used in Sections 2.2-2.7 is not sufficient to create a good fit. Therefore, the model
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Figure 2.19: The solid line represents a measured frequency response function of the damper test setup.
The dash-dotted line represents the behavior of the damper with the Burgers viscoelastic material model
included. The dashed line represents the behavior of the damper without damping material.
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Figure 2.20: Dynamic models of the TMD with displacement input x(t) and force output F(t). The
left figure shows the ideal RMD model. The right model contains an extended model of the damping
behavior which includes the Burgers viscoelastic model.

of the damping is extended to the Burgers viscoelastic model. This extension is visualized in
the right part of Figure 2.20. The original model is shown in the left part of this figure. The
dash-dotted line shows that it is possible to fit the damping behavior quite accurately with this
damper model. The main behavior is still determined by the damper. The additional springs
and damper are necessary to describe the magnitude and phase drop correctly. This damper
model can be used in further analyses to improve the accuracy of the damped model and
predict the performance increase of a positioning stage with dampers in a more accurate way.

2.9 Conclusions

This chapter presented a method to increase the performance of a positioning table with
inherently low-damping in a robust manner. A performance increase in z-direction is achieved
by adding robust mass dampers to the positioning table. The high damping value used, in
contradiction to a regular tuned mass damper design, leads to improved dynamics from
control point of view. The use of these damper structures with over-critical damping values is
new and leads to amplitude reductions of resonances in a broad frequency band. In addition,
the stage dynamics becomes relatively insensitive for variation in stiffness and damping of the
damper itself, which is a well-known drawback of implementing regular TMD’s. The modal
damping of the positioning table increases, resulting in reduced resonance amplifications.
This property allows for a higher controller gain and therefore a higher bandwidth. The
potential of this advantage is shown elaborately in this chapter. The resulting system
properties are a faster response, by a factor 2.7, and better disturbance suppression for both
position and force disturbances. The suppression factors are both roughly 12 times. In
addition, the ¢- and y-directions benefit from this approach. The damping is increased in
these directions as a consequence of the dampers added in z-direction. Although the damper
parameters are not optimized for maximum performance increase in these rotational directions
of motion, substantial advantages occur. The bandwidth is increased 2.9 times and the
disturbance suppression is improved 12 times.
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The system’s performance is increased in a robust manner. This property holds for the
dynamical behavior in z-direction as well as the - and p-directions. The RMDs are over-
critically damped and therefore display a low sensitivity to parameter changes in terms of
stiffness and damping. In addition the sensitivity with respect to changes in the plate
dynamics is decreased. Even in case of more complex controller implementations, these
properties will lead to performance and robustness improvements.
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Chapter 3
Sensitivity Based Iterative Approach

to Increase Closed-loop Performance

Abstract - In motion systems, high controller gains are beneficial to suppress low-frequency
disturbances acting on the system. Low-damped non-rigid body resonances usually limit the
controller gain. Robust Mass Dampers with a relatively high damping value have shown to be
able to increase the damping of the non-rigid body resonances over a broad frequency range,
hence enabling to increase the feedback bandwidth. The main challenge is to determine the
optimal stiffness and damping values for these dampers to improve the closed-loop
performance of the motion system. This chapter proposes a modulus margin based iterative
optimization procedure which includes a square plate as plant model on which ideal dampers
added. A PID*-type controller is applied to close the loop and calculate the performance. This
gives optimal damper parameters — stiffness and damping — in combination with a high
bandwidth controller, which results in an improved disturbance suppression at frequencies
below the bandwidth and a faster setpoint tracking. The iterative approach is subject to a
modulus margin and a stability constraint in order to guarantee stability in combination with a
robust solution.

This chapter is in preparation for submission.
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3.1 Introduction

In the industry of high-end manufacturing, for instance the semiconductor market, various
processing and measurement steps take place on positioning stages. The number of products
processed per unit of time (throughput) is directly related to the accelerations and velocities of
these motion systems. The functional density of the product — the minimum feature size — and
the accuracy of the process are related to the accuracy of a motion system. These two
properties lead to conflicting requirements, like high accuracies combined with high
accelerations [18].

A motion system can be seen as a mechanical device with position sensors and force
actuators. The basis of the system’s performance is governed by the mechanical design. Finite
Young’s moduli of materials result in non-rigid body (NRB) natural frequencies with their
corresponding mode shapes. The natural frequencies are solely defined by the distribution of
mass and stiffness, i.e., by the mechanical design of the components. These natural
frequencies are included in the transfer function as poles. The frequencies at which
resonances arise in the frequency response function, depends on these poles and the actuator
and sensor locations on the mechanical structure. Both actuator and sensor should experience
a displacement corresponding to a certain mode shape to make this resonance visible in a
frequency response function. The natural frequencies arise in transfer functions as poles, and
zeros arise at frequencies at which a combination of poles cancels each other’s amplification
magnitudes [86,97].

A complex motion system usually contains more than one actuator and sensor. One way to
deal with such multivariable plants is by applying a decoupling procedure to obtain transfer
functions in a preferred coordinate system [23]. Standard PID-type controllers are then able to
stabilize the dominant components of the resulting transfer function matrix. In practice, more
complex controllers, often extended with notch filters, are implemented to deal with the non-
rigid body (NRB) dynamics [16,92]. A drawback of this solution is the decrease of the
system’s robustness: in case of varying natural frequencies, the notch filter is placed
incorrectly and the stability margins might diminish and eventually may vanish, which means
that the closed-loop behavior is destabilized. Besides the frequency of the resonance, in
addition, the amount of structural damping affects the achievable bandwidth. High-precision
designs often lack substantial damping. Monolithic stages have few mechanical connections,
materials like aluminum or ceramics and vacuum environments devoid of squeeze film
damping, which all contribute to this property. The results are resonances with large
amplifications. Summarizing, the presence of NRB zeros and poles in a frequency response
function and the sequence in which they appear finally limits the performance of the control
system.

One of the most important properties of a control system, besides guaranteeing stability, is
suppressing low-frequency disturbances that act on the motion system. The extent to which
disturbances influence the motion system can be represented by the sensitivity function. In
case of motion systems, the sensitivity function is typically low for frequencies far below the
bandwidth. Above the bandwidth the controller is not able to suppress forces acting on the
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system. In this thesis, the bandwidth is defined as the first top-down zero dB crossing of the
open-loop frequency response function, i.e., also known as the cross-over frequency. The
sensitivity function for frequencies below the bandwidth approximates the inverse of the open
loop. According to the reasoning above, a high controller gain is desirable to counteract
disturbances in combination with a stable closed-loop behavior. As a measure for stability and
the corresponding robustness margins during controller design, the modulus margin is used.
This margin can be interpreted as a bound on the sensitivity function. In case of a PID*-type
controller, this bound becomes limiting at frequencies above the bandwidth caused by the
NRB natural frequencies. A solution to improve a motion system’s bandwidth exists by
adding damping to the — low-damped — NRB resonances in the plant. This leads to a
suppression of the amplitude of these resonances. Therefore, the sensitivity function will
decrease for frequencies above the bandwidth and additional room for controller gain
improvement is created [104].

In addition to the ability to damp a specific natural frequency, Robust Mass Dampers
(RMD’s) are able to provide broad banded damping to a range of resonances if added to a
motion stage. For this, the dampers should contain a high amount of damping. The question
is, how to determine the mass, stiffness and damping of the RMDs to obtain the best closed-
loop performance possible.

This chapter proposes an iterative approach to determine the design parameters of an RMD
based on the modulus margin of the closed-loop system. Because the closed-loop behavior
has to be optimized, the controller has to be included in the procedure. The contribution of
this chapter is to provide a design method and solution which has the following properties:

e it creates broad band damping for mechanical resonances,
¢ it enables performance increase in z-direction (out-of-plane),

e the parameters of the dampers are determined such that the best closed-loop
performance is obtained.

Section 3.2 briefly introduces the regular TMD and the robust variant called RMD. Section
3.3 presents the positioning table model which is used for simulation. A controller is designed
and the performance of the system determined. Section 3.4 introduces the plate extension with
dampers and the method to determine the damper parameters for optimal closed-loop
performance. In Section 3.5 the performance increase in z-direction is presented. Section 3.6
enumerates the conclusions and, finally, Section 3.7 discusses about the results and the
methods applied.

3.2 Undamped stage behavior

A tuned mass damper (TMD), also known as harmonic absorber can be used to suppress a
specific resonance amplitude [25]. A TMD is a passive device consisting of a structural mass
which is connected to a mechanical structure by a parallel spring-damper combination, see
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Figure 3.1a: Main structural mass model with force actuation F(t) and positions measurements x(t)
Figure 3.1b: Main structural mass with a TMD added to reduce the amplitude
Figure 3.1c: Bode diagrams of the undamped and the damped system indicated with the dashed line
and continuous line respectively

Figure 3.1a and Figure 3.1b. Mass M represents the main structural mass and m represents the
TMD mass mounted on the spring with stiffness ¢ and the damper with damping constant d.
The mass contribution of the TMD is usually up to 10% of the main structural mass and is
determined based on the required suppression factor. The undamped natural frequency of the
TMD depends on its mass m and stiffness c. The natural frequency of the TMD has to be
tuned close to the natural frequency of the main structure. Subsequently, an amplitude
reduction of the main structure is achieved at the resonance frequency by adjusting the correct
amount of TMD damping, see Figure 3.1c. Equations to calculate the optimal stiffness and
damping values can be found in [25]. The modal damping value of a TMD is usually
determined between 10 and 25 %.

A drawback of this type of TMD application is the relatively large sensitivity of the reduction
factor to parameter variations of stiffness and damping of the TMD. This property also holds
for natural frequency variations of the main structure: the overall system performance will be
strongly affected by parameter variations of the mechanical parts. One can think of variations
caused by wear, temperature variations and varying frictions as function of temperature and
position. TMD’s are well-understood and have proven to be useful in a widespread field of
applications, for instance: automotive industry, buildings and structures, airplanes, machine
frame designs and space structures, see [34,47,72]. In addition, more complex TMD
configurations are investigated to achieve an efficiency increase per unit of damper mass
[110]. Although TMD’s are often designed as passive devices, also semi-active [70] and
active variants have been described [63]. A main advantage of the TMD configuration is that
these do not introduce reaction forces in other machine parts.

Notice that for all the mentioned applications of TMDs, the effects are always intended to
damp one specific resonance of a structure. A previous study showed that substantial damping
can be added to a range of resonance frequencies by adapting the properties of a TMD [104].
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a) Mode #7: Torsion Mode b) Mode #8: Saddle Mode ¢) Mode #9: Umbrella Mode

Figure 3.2: First three non-rigid body mode shapes of a square plate in order of appearance.

The modal damping value is increased to values larger than 50 %. This broadens the
frequency range in which the damper efficiently suppresses resonance frequencies. In
addition, the robustness of the damper increases as well as the robustness of the overall
dynamics. This is important with respect to the loops that are closed by the controller: non-
robust behavior might deteriorate the stability significantly. Therefore, this variant is called
Robust Mass Damper (RMD).

3.2.1 Abstracted stage model

The goal of this chapter is to optimize the out-of-plane vibrational behavior of a motion stage
with a relatively large length-to-height-ratio. Especially, the bandwidth limiting high-
frequency dynamical behavior is of interest. The most simple and abstracted three-
dimensional model of such a table is a square plate. A characteristic of a plate is the presence
of mode shapes with relatively large out-of-plane displacements. The mode shapes of an
aluminum plate with dimensions of 600x600x 10 mm are calculated by means of Finite
Element Method (FEM). Shell elements are applied to describe the behavior of the thin plate
appropriately. A modal analysis is performed and the node displacements in z-direction of the
first hundred mode shapes and natural frequencies are exported, including the 6 Rigid-Body
(RGB) modes, and are stored in mode shape matrix @. The geometric properties are listed in
Table 3.1. The z-coordinates of the components are not listed due to the application of shell
elements in the FEM-model: the thickness of the plate is zero and, therefore, all z-coordinates
are zero.

The RGB modes appear as low-frequency modes without plate deformation. The exported
modes are used to create a state-space description of the plate dynamics in modal form. A

Table 3.1: Stage information listed.

Name Value Unit
Plate dimensions 600x600x10 mm®
Material aluminium -
Plate mass 9,85 kg
Location actuator 1 (180,180) mm
Location sensor 1 (300,300) mm
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Table 3.2: Frequencies corresponding to the first 5 NRB mode shapes.

Mode # Nat. freq. Name
Mode 7 89.4 Hz torsion mode
Mode 8 130.8 Hz saddle mode
Mode 9 165.8 Hz  umbrella mode
Mode 10 231.5Hz H.O.-mode
Mode 11 231.5Hz H.O.-mode

modal damping of 0.003 is applied to the NRB resonance frequencies. The dynamic model
and post-processing scripts are created in Matlab®. Table 3.2 presents the natural frequencies
of the first 5 NRB modes.

3.2.2 SISO frequency response functions

Actuator and sensor locations are chosen and frequency response functions are calculated for
control design. The actuators and sensors operate in z-direction. Sensors are located on the
outer edges of the positioning table as the center is reserved for the process. Therefore, four
displacement sensors are modeled on the stage corners. Figure 3.3 presents the plate with the
actuator positions, sensor positions and the center of gravity (COG) indicated. For the
investigation of bandwidth limitations it is important to note that the actuators and sensors are
placed in a non-collocated configuration.

A geometrical decoupling procedure is applied to the multi-input multi-output (MIMO) plate
model to obtain a multiple single-input single-output (SISO) transfer function matrix with the
rigid body motions, in logical coordinates, dominating in the diagonal components. In motion
control this procedure is in fact a decoupling of the actuation/measuring directions. In this
case the transformation is applied with respect to the plate’s COG. The resulting rigid body
motion directions are a translation in z-direction and two rotations around respectively the x-
and y-axis. These rotational directions are denoted the ¢- and y-direction. The four actuators
and sensors enable to decouple a fourth degree of freedom, which is the torsion mode: the first
NRB mode shape. Transformation matrices T, and T), are constructed from actuator and

Figure 3.3: The plate model with the positions of the force actuators and position sensors indicated.
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sensor coordinate information to decouple the RGB motion directions (3.1), (3.2), (3.3).
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This approach is called geometrical decoupling due to the geometric information of the stage
that is used. In these matrices, x indicates a distance in x-direction between actuator/sensor
and the COG and ycorresponds with a distance in y-direction with respect to the COG.
Subscripts a and s respectively indicate a distance to an actuator or sensor w.r.t. COG. The
numbers in the subscripts (1,---,4) correspond to the actuator and sensor numbers: see Figure
3.3 for the placement of actuator and sensor 1 with respect to the COG. Displacement
components of the mode shape matrix @, corresponding to the position of the actuator and
sensor nodes, are used to decouple the torsion mode. For this chapter, the focus is on the
transfer function in z-direction. The frequency response is shown in Figure 3.4. Note that this
frequency response function contains 2 zero-pole pairs — collocated behavior — before the
phase drops to -360 deg. This non-collocated behavior is induced by the position difference
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Figure 3.4: Decoupled transfer function of the undamped plate in z-direction. This transfer function is
obtained by the geometrical decoupling procedure.
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between actuators and sensors. It eventually limits the controller gain and therefore the
bandwidth and the low-frequency sensitivity.

3.23 Controller design in z-direction
This chapter describes an improvement of a motion system’s dynamical behavior by
modifying the plant dynamics in a closed-loop analysis. This implies that the controller is
included in the optimization. To obtain a comparable measure of the overall system
improvement, controllers of equal order are designed for different plants and the closed-loop
performance is evaluated. PID* controllers are applied containing the following components:

(P) proportional gain,

(I) integrator,

(D) lead filter,

(*)  first order low-pass filter.

To make cases comparable, the zero of the integrator is placed exactly at 1/5th of the
bandwidth frequency (BW) in all cases (defined here as the cross-over frequency, i.e., the first
open-loop top-down zero dB crossing of the open-loop gain). A low-pass filter is added to
create high-frequency roll-off. Figure 3.5 shows the Nyquist diagram of the open loop of the
SISO decoupled plant in z-direction with its controller. The achieved bandwidth is 28 Hz. A
modulus margin of 6 dB is used. This modulus margin is the radius of the circle around the
point (-1,0) in Figure 3.5. The distance of the open-loop frequency response function to the
point (-1,0) is the inverse of the absolute sensitivity function and, therefore, this graph relates
the open-loop and closed-loop behavior, see [86], Figure 2.16. The bandwidth-limiting NRB
resonances are clearly visible in the Nyquist diagram by the circles starting at the origin
[19,26].

Imaginary axis

Real axis

Figure 3.5: Nyquist diagram of the open-loop of the undamped plate with the modulus margin of 6
dB indicated by the circle.
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Figure 3.6: Dynamic model of the TMD with displacement and velocity inputs x(t) and x(t),
respectively, and force output F(t) indicated.

3.3 The damped stage model

Four RMD models are added to the plate model. Figure 3.6 shows the damper model. The
state space matrices are provided in Chapter 2. The specific NRB resonances which limit the
bandwidth of the system have relatively large displacements at the plate corners and therefore
relatively high velocities at those locations. Figure 3.7 presents the mode shape corresponding
to the resonance frequency at 830 Hz, which limits the bandwidth by its non-collocated
character. A large displacement of a certain mode is equivalent to a low modal mass of that
particular mode at this position: this statement is further elaborated in Section 5.2.2. This
implies that an RMD with relatively low mass can suppress a certain resonance more
effectively at a location with relatively large displacements. Figure 3.8 presents the plate with
four dampers added in z-direction. Chapter 2 showed that RMDs with a mass per unit of 0.35
% of the plate mass are able to create substantial suppressions. This increases the overall stage
mass by 1.4 %.

The open-loop of Chapter 2 has shown that substantial damping can be added to a range of
resonance frequencies. In this approach, the natural frequencies of the dampers were adjusted
around the first resonance frequency of the plate by tuning the spring stiffness c. For the plate
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Figure 3.7: NRB mode shape at 830 Hz. Note the relatively large displacement amplitudes at
the plate corners.
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Figure 3.8: Model of a square plate with 4 dampers added on the corners. The degree of freedom of
the dampers is in z-direction. The four dampers have equal mechanical properties: mass, stiffness
and damping values.

this frequency is about 90 Hz, which corresponds to the torsion mode. A relatively high
damping value is applied to achieve a modal damping increase of the plate between 400 Hz
and 2 kHz. This damping appears as an amplitude reduction of the resonances. To find a
suitable damping value, the damper constant d is increased and the frequency response
functions are calculated and visualized in a Bode diagram, see Figure 3.9. This figure shows
the diagram for a range of damping values. The damping value is mainly determined by the
suppression factor of the resonance at 830 Hz. This point (250 Ns/m | 830 Hz) is indicated in
the figure. The other resonances in the range of 400 — 2000 Hz are less sensitive to the
damping value and are also damped. The approach as presented above contains two
drawbacks: 1) the analysis is performed in open loop. Although the damping of the NRB
resonances is increased, this is no guarantee for performance increase of the closed-loop
system, and 2) only the magnitude information is taken into account. This latter is a major
disadvantage, because the performance of a (motion) system is often more limited by the
phase than it is limited by the magnitude: a perfectly collocated frequency response function
does not limit the BW although magnitude differences are present. If the phase of a resonance
allows, the magnitude will not be limiting at all.

Therefore, a closed-loop performance indicator should be determined to avoid these
disadvantages and to be able to guarantee performance increase of the closed-loop system.
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Figure 3.9: The magnitude part of Bode diagrams as function of the modal damping of the RMDs. The
arrow indicates the minimum value for the BW limiting resonance, around 830 Hz. Note that this
damping value is too large to suppress the first resonance effectively.

3.4 Closed-loop parameter optimization
3.4.1 Sensitivity criterion

In the previous section an open-loop method was explained to determine the damper
parameters. However, the positioning table will operate in closed-loop. Therefore, the damper
parameters should be optimized for closed-loop behavior. A commonly used measure of the
performance is the bandwidth, which indicates until which frequency the system will be able
to follow the setpoint in case of a harmonic input. This is a relatively good measure of the
performance if and only if the controller is designed well. If this is not the case, the BW is
meaningless. For instance, if the -1 slope in the open loop lasts too long, a very high BW can
be obtained, however, due to the differentiator and/or absence of an integrator, low
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Figure 3.10: The sensitivity function of the closed-loop system. The frequency range with bandwidth
limiting resonances is indicated by the arrow. The numbers indicate the points of contact with the
modulus margin line at 6 dB.
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performance is obtained in terms of low-frequency disturbance suppression and setpoint
tracking. A good criterion of closed loop performance is given by the sensitivity function: the
magnitude as function of the frequency describes the ability of the closed-loop system to
suppress disturbances. This property is, besides stabilizing the closed-loop system, one of the
most beneficial properties. In addition, the modulus margin is a robustness margin with
respect to stability of the system. Therefore, in this chapter, the sensitivity is used as criterion
to define the performance.

3.4.2 Approach

The frequency response function of the undamped plant in z-direction and the corresponding
controller are taken as starting-point. The sensitivity FRF is calculated and presented as in
Figure 3.10. The numbers in Figure 3.10 indicate the contact points of the sensitivity function
with the modulus margin. Number 1 is induced by the controller and shows the phase lead at
the mass line around the bandwidth. Numbers 2, 3 and 4 indicate higher order (NRB)
dynamics, which limit a further increase of the controller gain. Damper mechanisms are added
to the stage with a moving mass of 35 g per damper. This amount of mass is based on the
modal mass of the BW limiting mode at 830 Hz, which approximately contains 2 kg moving
mass. The damper masses of 35 g amount 7 % of this modal mass. In addition, less than 1.5 %
mass is added to the stage.

The focus during damper parameter optimization is on the NRB resonance frequencies
because these frequencies limit the bandwidth of the closed-loop system. The corresponding
frequency range is indicated in Figure 3.10 by the arrow. The first sensitivity peak frequency,
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Figure 3.11a: The maximum values of the sensitivity function as function of the RMD natural frequency fgpp
and modal damping (g corresponding to the first iteration step. The figure is plotted on logarithmic axes.
The controller designed for the undamped plate model is included in this iteration step.

Figure 3.11b: A contour plot of the sensitivity landscape with logarithmic axes, with the minimum value
indicated by the cross.
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indicated by (1) is not included in the optimization because this peak is induced by the phase
lead of the controller and is located around the bandwidth. Therefore this peak is adjustable
by tuning the controller parameters. The goal is, firstly, to find damper parameters for which
the sensitivity function in the NRB frequency range, with numbers 2, ---,4, shows an as low as
possible maximum value with the controller fixed. The sensitivity function is calculated for a
range of stiffness and damping values, and subsequently, for each sensitivity function the
maximum value between 1000 Hz and 5000 Hz is stored in a matrix. This results in a matrix
of peak values of the sensitivity functions in the specified frequency range. The corresponding
3D-graph is shown in Figure 3.11a. The corresponding equation is:

mun{[W(s)S(s)ll 3.4

This shows a minimization of a weighted sensitivity function as function of the damper
parameters. The right part of Figure 3.11 presents a contour plot in which the minimum is
indicated by the cross. The corresponding natural frequency frpyp and damping value (zup
minimize the sensitivity function at the NRB resonance frequencies. The result of the
controller and the new plant obtained by this iteration step is shown in Figure 3.12, which
presents a Nyquist diagram that shows the contact points of the open-loop response line with
the modulus margin circle and the room for increasing the controller gain. Note that the
modulus margin, as used in the optimization above, includes both magnitude and phase
information and therefore calculates the smallest distance between the high-frequency
resonances and the point (-1,0) in the Nyquist diagram. This means that the plant is modified
in such a way that the controller gain can be maximized.

Imaginary axis

-2 -1.5 -1 -0.5 0 0.5
Real axis

Figure 3.12: Nyquist diagram of the optimized plant — first iteration - in combination with the controller
designed for the undamped plant. The achieved modulus margin improvement is indicated by the arrows
and the concentric dashed arc w.r.t the point (-1,0).
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3.43 Iteration procedure

Optimal damper parameters are determined to minimize the modulus margin at the higher
order dynamics with a PID" controller included. The next step is to design a new controller
with a higher gain. This increases the bandwidth of the system and, more importantly,
decreases the sensitivity value for low-frequency disturbances. The turnover frequencies of
the lead filter should be shifted to higher frequencies according to the gain increase of the
controller, to maintain phase lead at the bandwidth. This shift affects the phase at higher
frequencies, i.e., in the specified frequency range of the HF dynamics. Although the controller
gain can be increased and the plant-controller combination appears to be improved, is the
result still sub-optimal. More iteration steps have to be made to deal with these characteristics:
the new controller has to be used to calculate a second landscape. A further improved plant
can be calculated with the resulting stiffness and damping values for the RMDs. The
landscape of this second iteration step is shown in Figure 3.13. The overall procedure can be
expressed by:

rgggf(wsw)

l (K, D) = arg (pin(IW ()S®)l) (35)

end

3.44 Stability criterion

In the second iteration step, the controller might contain a substantially higher gain than in the
first iteration step which included the undamped plant and corresponding controller. In this
particular example, the proportional controller gain has been increased by a factor 13 at the
first iteration step. This implies that the closed-loop system can become unstable by changing
the RMD’s stiffness and damping values. Therefore, a criterion on the closed-loop stability is

Sensitivity value [dB]

0/,'7 2 - ] 102
¢ 10 0 10
/”/ v Natural frequency [Hz]

Figure 3.13: Sensitivity landscape of the second iteration step. Note the corners of the matrix in which no
sensitivity value is stored. In these regions the closed-loop system is destabilized by the dampers.
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included in the calculation of the sensitivity landscape. The closed-loop stability is checked
by calculating the closed-loop poles and checking for right half plane (RHP) poles for every
point in the sensitivity landscape matrix. If RHP poles exist, the particular point in the matrix
is left empty. As visible in Figure 3.13, the two corners do not contain peak sensitivity values
due to unstable behavior in these regions. This check is applied in all iteration steps. The
steep derivatives towards the unstable regions already indicate that - at least one - pole pair is
shifting towards the imaginary axis of the pole plot, indicated by the sensitivity value that is
increasing rapidly. This phenomenon is visible in Figure 3.13. After adjusting the damper
parameters, a new controller has to be designed to increase the controller gain further. In the
first iteration step the overall system gain was too low to enable destabilization of the system
by changing the stiffness and damping parameters, see Figure 3.11.

3.45 Iterative improvement

The calculation of the landscape, with enough points to create sufficient detail of the
dynamics, takes some time. If the result is sub-optimal after controller design, the same
landscape can be used to increase the iteration speed. To do this, the user should have an idea
about the influence of parameter changes on the system, i.e., which resonances actually limit
the performance. In that case, the damper parameters can be adjusted, based on the landscape
of the previous iteration. This is mainly possible after the first iteration, as the parameters
change more slightly. If the dynamics changes substantially, new landscapes have to be
calculated. This is mainly the case in the first iteration steps. In order to obtain a final plant-
controller combination, the plant and controller have to be recalculated a few times. The
results for the plate model are listed in Table 3.3. In this example, the performance values
saturate after three iteration steps. This does not guarantee that the global minimum is found,
however, it is not possible to increase the performance further by this approach. The final step
and corresponding controller determine the performance of the system.

A flowchart of the optimization procedure is shown in Figure 3.14. The first four blocks show
the initial process of plant modelling, geometrical decoupling and controller design. After
these steps, the performance limiting modes have to be studied and dampers have to be added.
The moving mass has to be determined based on the modal mass of the main system. This
enables to enter the loop and search for the optimal parameter combination.

The RMDs increase the modal damping of the out-of-plane resonances. These modes are
visible in other directions than the z-direction too. The bandwidth development in these

Table 3.3: Bandwidth increase and damper parameters as function of the iteration steps.

Case feig[Hzl  Z[-] z[Hz] ¢/ [Hz]

Undamped - - 28,4 77,6
Iteration 1 184,9 0,588 70,8 82,6
Iteration 2 2444 0,506 73,8 83,1
Iteration 3 2482 0,513 74,9 82,9
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Plant model
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Design controller
(fixed structure)
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behavior?

Design controller
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Figure 3.14: Flow chart that describes the iteration procedure.

directions is shown in the right column of Table 3.3. The advantages are only 7 % in
contradiction to the z-direction, for which the increase percentage amounts 170 %. This is
because these directions are not included in the optimization. Note that the ¢- and -direction
show similar behavior due to the symmetry in stage design and damper locations.

3.5 Performance results

The initial bandwidth for the undamped plate model was 28 Hz. With this iterative approach,
the bandwidth is increased to 75 Hz in 3 iterations. The controller gain is increased by a factor
6.4. Figure 3.15 presents the Nyquist diagram of the system after three iterations. It is visible
that the open-loop curve is shaped close around the modulus margin circle of 6 dB. This
indicates that the waterbed effect (Bode’s sensitivity integral limitation) is fully utilized by the
damper design. Figure 3.16 shows the sensitivity functions to illustrate this phenomenon. The
sensitivity function of the system with dampers shows much more positive area above 100
Hz, which states that there must be more negative area at lower frequencies, which is clearly
visible in the frequency range below 55 Hz. The low-frequency sensitivity function is
decreased by 26 dB. Displacement errors with frequencies far below the bandwidth will
therefore cause a 20 times smaller position error. The open loops of the damped and the
undamped systems in z-direction are presented in Figure 3.17. This figure shows the higher
controller gain of the damped system with respect to the undamped system at low frequencies.
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Imaginary axis

Real axis

Figure 3.15: Nyquist diagram of the resulting plant after 3 iterations in combination with a controller
specifically designed for this plant. The bandwidth amounts 76 Hz in this case.
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Figure 3.16: Magnitude diagram of both sensitivity functions. The dashed line represents the plant
without dampers with its controller, and the continuous line represents the sensitivity of the plate with
dampers with its controller.

Note that the amplitude values of the resonance peaks roughly show the same amplification
for these open-loops.

The RMDs change the dynamic behavior of the stage. This is visible in the decoupled
frequency response functions in z-direction. Therefore, the RMD dynamics can be expressed
as a virtual filter that changes the undamped plant in z-direction. Figure 3.18 presents this
behavior and shows a relatively complex response which is difficult to create by controller
design and, if possible, it increases the controller complexity substantially. Moreover, this
behavior is very robust due to the introduction by RMDs, in contradiction to a large number
of notch filters.

3.6 Concluding remarks

This chapter presented an iterative method to determine damper parameters for closed-loop
performance optimization based on a modulus margin criterion. Dampers are added with a
joint mass of less than 1.5 % of the motion stage mass. This indicates that substantial
bandwidth increases are possible with adding small amounts of mass. The controller gain is
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10° 10
Frequency [Hz]

Figure 3.17: Bode diagram of the open-loops of the undamped and damped system. The low-
frequency gain difference is clearly visible in this figure.

increased in three iteration steps resulting in a bandwidth increase from 28 Hz to 75 Hz. The
difference in RMD properties with respect to the values presented in Chapter 2 mainly result
in performances differences in the rotational directions.

The sensitivity based iterative method provides an analysis tool to adapt the plant with
decoupling included. This adapts the SISO frequency response functions in logical
coordinates.

The step responses are shown in Figure 3.19. This figure shows that:
® Dboth systems are closed loop stable,

® the step response is more than 3 times faster for the damped stage, with the same
amount of overshoot.
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Figure 3.18: Bode diagram of the virtual filter in z-direction that is added to the plant by the dampers.
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Figure 3.19: Step responses of both closed-loop systems.

3.7 Discussion

3.71 Results and models
The result of the optimization procedure as shown is strongly plant dependent. In addition, it
depends on the available RMD locations. Another point of view is that the amount of damper
mass will strongly vary per plant: if a good damper location cannot be used, the damper mass
should be increased to compensate for this effect.

The sensitivity landscape that is calculated during the last iteration step shows the robustness
of the plant with respect to damper parameter variations. If the minimum value is located in a
sharp notch, the behavior will vary strongly as function of parameter changes.

An advantage of this iterative approach, in contradiction to fully automated optimization, is
that the user develops understanding of the plant limiting behavior by adapting its dynamical
behavior during the iteration procedure, and obtains insight in the maximum suppression
factor that can be obtained with the chosen damper parameters and locations. If necessary, the
plant’s mechanical design and input/output selection can be reconsidered to start the iteration
procedure with a plant that shows already more desirable dynamical behavior and increases
the effectiveness of the iteration procedure.

A certain suppression factor increase of the resonances is possible by adding dampers and a
certain BW increase can be obtained. However, the damper models as used show a low level
of realism. The models as applied in this chapter contain:

e purely viscous dampers,
® no mounting mass included.

The mounting mass represents structural material that is needed to connect the moving
damper mass to the stage. This mass increases the undamped stage mass, which decreases the
undamped natural frequencies and, therefore, increases the difficulty to obtain a high
bandwidth.

The damping principle is assumed to show purely viscous behavior. Realistic applications of
dampers often show non-ideal viscous behavior. If these properties are changed: i.e., materials
with not purely viscous damping and increased mounting masses, the effect of the dampers
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will decrease. The main question is to what extent these phenomena will affect the damper
performance.

An advantage of this approach is that there is hardly any limit on the plant complexity. State
space models of complex mechanical structures can be processed in the same way as the plate
in this example.

The difficulties in more complex cases arise in the modal analysis. The A-matrix of the modal
state-space description contains the natural frequencies and therefore will not be larger in case
of a larger FEM model in terms of elements or nodes. The sizes of the B- and C-matrices are
determined by the number of actuators and sensors, and are therefore also independent of the
complexity of the FEM model. During the damper coupling procedure the A-matrix slightly
increases in size: the natural frequencies of the damper mechanisms are added to the overall
model and become represented in the A-matrix.

3.7.2 Approach
In the example as shown, the decision was made to fix the number of controller components
on beforehand, i.e., to apply a fixed structure controller. This approach clearly shows the
improvements that are obtainable by adapting the plant dynamics only. Each iteration step
results in an optimal result for that specific iteration, which results in an improved behavior
over all iteration steps. However, caused by the strong influence of the controller in the
landscape calculation, every step results in a local minimum.

In the iteration phase there is no limit on the controller complexity. Although the example in
this chapter is elaborated upon using a PID" controller, more complex controller structures are
applicable to perform the iterations. Even the case of changing the controller structure
between two iteration steps is possible. In the first iteration step for instance a PID* controller
can be used and in the second iteration a PID* with notch filter, if this seems to be useful. This
might change the shape of the sensitivity landscape and, therefore, improve the performance
further.

The presented approach has an iterative character and the controller is a main part of the
iteration procedure. This implies that the results depend on the controller structure chosen.
During iteration there is no guarantee that a global minimum of the sensitivity function is
found. On the other hand, if the range of damper frequency and damping is chosen large
enough — at least as large as the frequency range of the NRB dynamics — at least a global
minimum is found in every single iteration step. Two important properties can be stated for
this procedure:

e the performance cannot decrease in an iteration step with respect to the previous
iteration. The worst case possible in a single iteration step shows a minimum value in
the landscape of 6 dB. This means that no further improvement is possible and that
this iteration step will result in the same frequency and damping values as the previous
step. This approach guarantees that the robustness margins are satisfied after each
iteration step,
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e if the iteration procedure is started with a stable controller for the undamped system,
the overall stability of the closed-loop system is guaranteed by the procedure.
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Chapter 4
Linear Viscoelastic Characterization of an

Ultra-high Viscosity Fluid

Abstract - This chapter presents the use of a state-of-the-art damper for high-precision
motion stages as a sliding plate rheometer for measuring linear viscoelastic properties in the
frequency range of 10 Hz — 10 kHz. This is an example of reversed engineering, i.e., turning a
machine part into a material characterization device. Results are shown for a high viscosity
fluid. The first part of this chapter describes the damper design based on a Newtonian, high
viscosity fluid. This design is flexure-based to minimize parasitic nonlinear forces such as
hysteresis and stick-slip. Design and the damping mechanism are elaborated and a model is
presented that describes the dynamical behavior. The undamped behavior of the damper is
characterized and next, the viscoelastic fluid behavior is included. In the second part of the
chapter, linear viscoelastic fluid characterization by means of the damper setup is presented.
Measurements are performed and model parameters are fitted by a global optimization
algorithm in order to obtain the frequency dependent behavior of the fluid. The resulting fluid
model is validated by comparison with a second measurement with a different damper
geometry. This chapter shows that linear viscoelastic fluid characterization between 10 Hz
and 10 kHz for elastic high-viscosity fluids is possible with a motion stage damper for which
the undamped behavior is known.

This chapter has been accepted for publication in Rheologica Acta.



Chapter 4 — LVE Characterization of an Ultra—high Viscosity Fluid

4.1 Introduction

The functionality of electronic devices has manifold over the past decades. Simultaneously,
the cost of the electronic components, used to assemble these devices has decreased. The
critical step in the production process of integrated circuits (ICs) is the illumination process of
the IC pattern on the surface of a substrate, i.e., a wafer. These improvements — increased
functionality and decreased production cost — are based on 1) a decrease in feature size which
can be illuminated on the wafer surface and 2) an increase in throughput, respectively. Both
accuracy and production speed have been increased continuously. This trend drives the
performance of the lithographical devices to the limits of nowadays possibilities. The main
part of a lithographical device is a motion stage, which positions the wafer with respect to the
optical path. In order to guarantee further improvements, new technologies have to be
developed in motion stage design and motion stage control. To explain one of the important
limiting factors in more detail a schematic picture of a motion stage is introduced, see Figure
4.1.

z3(t)

2 L _ - .
P Ta(t) Ta(t)

X

Figure 4.1a: Schematic representation of a motion stage. Actuators and sensors in z-direction are
indicated in the figure.
Figure 4.2b: Impression of dynamic deformation of the motion stage during operation.

Figure 4.1a shows the mechanical structure of a motion stage with four force actuators,
working in z-direction, indicated by the arrows, to position the stage. Four position sensors
are indicated on the stages’ corners. A feedback control system, not shown, is used to stabilize
the motions and guarantee performance in terms of position accuracy. The controller uses the
difference between the actual position and the desired position — the position error — as input,
and transforms this information into an actuator current to force the position error to zero. The
controller acts as a frequency dependent gain and ideally it should be designed as high as
possible to prevent large position errors: the higher the controller gain, the faster the motion
stage reacts on a position error. From a mechanical point of view, the motion stage can be
assumed as a rigid body for low frequencies: the stage follows a set-point or reference signal
without showing internal deformations. At higher frequencies, however, the stage structure
shows flexible behavior [16], which is illustrated in Figure 4.1b. The flexible behavior is a
result of the limited stiffness of materials in combination with the mechanical design of the
motion stage and results in specific resonance frequencies, also called natural frequencies that
correspond to deformation shapes, the mode shapes.
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411 Increasing the modal damping

Ultimately, the gain of the position controllers is limited by these natural frequencies.
Therefore, these restrict the reaction speed of the motion system. Complex control approaches
can be used to deal with this behavior to increase the bandwidth as far as possible [10,65],
while retaining robustness [55,108]. In addition, optimization methods are applied to improve
the controller performance [91]. The extent to which the resonances limit the controller gain
depends on 1) the structural design of the stage [33], 2) the position of actuators and sensors
[101], and 3) the damping present in the mechanical structure [22]. High natural frequencies
and high modal damping values enable high controller gains. Current motion stage designs
are designed to have high natural frequencies [69] and, therefore, are based on materials (i.e.,
ceramics) with a high specific stiffness. These materials, however, usually contain low
material damping. A solution is to optimize the combination of natural frequencies and the
controller [15]. Another way to improve a systems’ behavior is by increasing the damping of
the mode shapes. This type of damping is called modal damping. A drawback of low modal
damping is that vibrations in the stage show large amplification factors and continue for a
long time. This is detrimental to the transient response of the motion system. These
observations lead to a continuous research effort to increase damping in mechanical designs
[42,87]. One method to add damping to a range of resonance frequencies is by adding
separate dampers [104]. This chapter shows a method in which the damping of the resonances
is increased by adding mechanical damping units to the motion stages’ corners. Figure 4.2
gives a schematic representation of this idea. Although this principle is known as tuned-mass
damper systems in case of single mode suppression, here we use robust-mass dampers which
have a very high damping and provide broad band damping effects. The units consist of a
mass, mounted on a parallel spring-damper configuration. The frequency range in which the
damping has to be increased for realistic applications is typically between 1 and 10 kHz. First
of all, the damper behavior has to be linear in order to damp small as well as large amplitudes.
This property is also beneficial for system analysis and design: non-linear analyses are more
difficult and time-consuming. In addition, most practical control design strategies are based
on linear theory [86]. This linearity requirement implies that viscous instead of structural
damping has to be applied. The next challenge is the small volume in which the damping
mechanism has to fit. The third challenge is the relatively high damping value that has to be
realized in that small volume. As solution to these problems we propose a fluid damper design
based on an ultra-high viscosity Newtonian fluid. The RMD’s geometrical design in
combination with the high fluid viscosity should result in the intended damping value.

Figure 4.2: Schematic model of a motion stage with 4 dampers added on the corners.
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41.2 Linear viscoelastic fluid

This solution seems to be suitable to fulfill the three requirements, but it has to be taken into
account that the properties of the damper, as function of frequency, might depend on the
linear viscoelastic behavior of the applied fluid. Only linear viscoelastic (LVE) behavior is
considered since the strains will be small. Therefore, the linear viscoelastic behavior of the
fluids applied has to be determined. Different types of instruments are available to measure
the LVE characteristics of a fluid, depending on the samples’ viscosity and the frequency
range of interest. In the low-frequency range (less than 10 Hz), different types of dynamic
viscometers are applied [29,64]. In the high-frequency range (10kHz-200 kHz), generally
used for the investigation of microstructures and their interactions, a number of instruments
based on quartz crystals and nickel tube resonators are available [67,90]. These instruments
however measure fluid characteristics at discrete frequencies. Extended setups are available to
obtain data at multiple discrete frequencies [31,84,68]. The choice of instruments in the
intermediate frequency range (10Hz-200kHz) is limited [12,94,49]. Although the frequency
range of some instruments is close to the required range for this application, the range of
applicable viscosities is often too low [14].

4.1.3 Chapter outline
A mechanical damper design for broad banded damping based on the application of a high-
viscosity fluid is presented in Section 4.2. It is demonstrated that this damper can be used as a
(rather cheap) sliding plate rheometer to measure the LVE properties of ultra-high viscosity
fluids (>100 Pas) in the frequency range between 10 Hz and 10 kHz. Two different damping
mechanisms are presented which enable to change the level of damping. The dynamic model
of the damper is described in Section 4.3. The parameters in this model are characterized in
Section 4.4 and Section 4.5 presents damped measurements and discusses the linear visco-
elastic fluid characterization approach. Parameters for the full damper model are determined
by fitting the model on the experimental data. Section 4.6 presents the validation of the
resulting LVE spectra, i.e., relaxation times and moduli, for different numbers of Maxwell
modes. The model is validated by calculating the behavior of the damper setup with a
different damping mechanism inserted and comparing the results with measured data.
Conclusions regarding the field of application and the elaboration of the damper setup are
given in Section 4.7. Finally, in Section 4.8, the results and methods are discussed and

(a) (b) x(t)
—
’, F(t) -------
— mass

.
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Figure 4.3: a) Isometric view of the main damper parts with the view direction of Figure 4.3b
indicated. b) Side view of the damper, which shows the leaf springs.
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Figure 4.4: Photograph of the damper setup with the different components indicated.

improvements regarding the damper design are addressed.

4.2 Damper hardware design

The mass-spring part of the damper is shown in Figure 4.3. We do not elaborate on the
underlying ideas for this design since this is outside the scope of this chapter. The full damper
assembly consists of a mass, mounted on two springs and a damper in parallel configuration.
The mass m can make small strokes, in the x-direction and is fixed in all other directions. The
spring is a double leaf spring guide. The ratio between the mass m and the stiffness of the leaf
springs in x-direction ¢, determines the natural frequency of the damper mechanism. To
identify the behavior of the setup, a force actuator is added, indicated by F(t) and the position
of the mass x(t) is measured optically. Figure 4.4 shows the final configuration of the damper
setup, in which the main parts are indicated. The space between the leaf springs is used to
accommodate for the damping mechanism.

A high-viscosity fluid is applied to create a velocity dependent force. For this purpose, the
sliding plate principle is used which induces a shear flow: the fluid is placed between two slot

Table 4.1: Parameters of both fin parts Fin part
Dimension  Value [mm]
Single fin length - [ 16
width - w 8.5
gap- h 120-10°
Double fin length - 16 Slot part
width - w 8.5
gap- h 50-107°

Figure 4.5: Exploded view of the damper parts.
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Figure 4.6: Cross-sectional views of the two different damping mechanisms. The single fin — as
depicted in Figure 4.5 — is shown in the left figure and the double fin in the right figure.

plates and a fin is positioned between these two plates. These parts are shown in Figure 4.5. A
flexible encapsulation is used to hold the fluid between fin and slot part. To study different
damping values with the same fluid, two damper designs with different geometries are used.
Cross-sectional views of both damper mechanisms are given in Figure 4.6. The left damper
contains one fin: the right one two. In addition, the gap width is different in both cases. These
two damping mechanisms are both mountable in the same setup as shown in Figure 4.4. The
dimensions of these dampers are listed in Table 4.1.

To excite the damper mass, a voice coil is mounted to the hardware which is actuated by a
current amplifier. The damper position is measured by a laser vibrometer and the data
acquisition is performed by a Siglab system, which provides the signal for the current
amplifier and samples the laser-vibrometer at 51.2 kHz. This input signal is also measured to
calculate a frequency response. The fluid applied is Rocol Kilopoise 0868 which has a high
zero shear viscosity of 220 Pas.

4.3 Limits and assumptions

A sliding plate damper for high frequencies introduces side effects which can be divided into
two groups: 1) geometry related effects and 2) frequency dependent effects. A first
geometrical effect is due to the finite length of the plates. From Table 4.1 it is seen that the
ratio length/gap amounts 133 — for the single fin and 320 for the double fin. This ratio is so
high that this effect can be neglected. A second geometrical effect is due to the difficulty to
get the plates parallel to each other, especially with the normal forces acting on the moving
fin, induced by the flow. This design counteracts this problem in two-ways: the damper part is
symmetric, which means that the fin normal forces cancel each other. In addition, the double
leaf spring mechanism has a very high lateral stiffness, which minimizes lateral
displacements. A third geometrical effect is pumping of the fluid, which appears in the case of
closed ends and introduces a flow opposite to the fin velocity, and therefore introduces a
parasitic damping force. This problem is avoided by letting the gaps’ ends open. The fin is
shorter than the slot to maintain the same damping area over the damper stroke. The stroke is
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assumed to be smaller than 0.5 mm. To avoid problems with the fluid running out, a flexible
encapsulation is used which keeps the fluid inside. These effects all arise at low frequencies,
at which the flow can be assumed homogeneous. The ratio between inertial and viscous
effects determines up to which frequency the flow can be assumed homogeneous. A criterion
for the time to establish homogenous, shear flow is given by equation (4.1) [57,85].

1 10ph?

W Ui

4.1)

c

in which p describes the fluid density in kg/m’, n the dynamic viscosity in Pas and h the gap
width in m, Dimensions are provided in Table 4.1. This estimate results in a frequency
estimate above 100 kHz for the largest gap width. It shows that high fluid viscosities and
small gap widths enable high frequencies without losing homogeneous flow conditions.

4.4 RMD mechanism characterization
4.41 Undamped characterization

Two features mainly characterize the dynamical behavior of the setup:
¢ the mechanical design (mass & stiffness),
e the high-viscosity fluid damper.

In order to measure the behavior of the fluid damper independently, the dynamic behavior of
the mechanical part is characterized in advance. For this purpose, two measurements have
been performed: one without and one with the fin part mounted. This only changes the
moving mass while the stiffness remains the same and therefore, the natural frequency of the
mechanism changes. The frequency responses of these two measurements are shown in Figure
4.7. The dashed line shows the transfer function of the mechanism without fin part, and
therefore has a higher natural frequency, the black line represents the measurement with fin
part added. Different frequency ranges are indicated in the figure:

e the behavior in the low-frequency range is determined by the static stiffness of the leaf
springs,

¢ the resonance behavior around the natural frequencies is clearly visible as peaks in the
frequency responses,

e at higher frequencies the behavior is dominated by the moving mass,

e at even higher frequencies, higher order dynamics is observed.
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Figure 4.7: Two measured frequency responses of the undamped mechanism: without fin (dashed line)
with fin (solid line). The natural frequencies are indicated by f; and f,. The middle figure shows the
corresponding phase. The lower figure shows the coherence of the measurements. The upper plot indicates
ranges in which the following system properties are dominant: (a) the stiffness, (b) the resonance, (c) the
mass, (d) high order dynamics.

The lower figure shows the coherence of the two measurements, which is a measure of the
quality of the measurement. The value of the coherence is close to 1 in the frequency region
between 25 Hz and 15 kHz, which indicates that the measurement quality is quite good in this
range.

x(t)I

Figure 4.8: Simplified damper model with a mass, spring and dashpot.
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4.4.2 Lumped mass model

A simple lumped mass model, visualized in Figure 4.8, describes the behavior of the unit
without the viscous damping mechanism. Due to the low damping of the mechanism, the
behavior is dominated by the stiffness ¢ and the mass m. Therefore, the two resonance
frequencies, w; and w,, can be determined with high precision. These two frequencies,
combined with the mass difference between the two measurements §m, contain enough
information to calculate the stiffness ¢ and mass m, of the undamped setup without fin part,
see (4.2) and (4.3):

2
[ifii —ﬂ [rriz] - [531 | (4.2)

2

m; =m, +dm 4.3)

Subsequently, the modal damping can be determined by calculating the amplification factor at
the resonance frequency. Table 4.2 presents the data as calculated from the measurements.
This data is used in the subsequent steps as the model is extended. The modal damping can be
estimated by the amplification factor at the resonance frequency, which is called the Q-factor.
This equation reads:

0=— (4.4)

The amplification in both cases amounts 36 dB: this indicates that the modal damping of the
system amounts 0.79 %. This damping is transformed into a physical damping value in Ns/m
and included in the damper state space model.

Linear viscoelastic (LVE) rheological behavior of a fluid, i.e., the relation between stress and
strain and strain rate, is described with the well-known multi-mode Maxwell model [57], see
Figure 4.9 for a schematic picture. The Maxwell model is expressed in terms of material
parameters for the elasticity G, in Pa and the viscosity 1, in Pas.

Table 4.2: Parameter values of the undamped mechanism

without fin  with fin Unit

Natural frequency W 1212 989 Hz
Stiffness c 1,67e6 1,67e6 N/m
Mass m 28,8 433 g
Damping ¢ 0,79 0,79 %
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Figure 4.9: Single element Maxwell model in which the spring represents the fluid elasticity G, in Pa
and the dashpot the fluid viscosity 1, in Pas.
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Figure 4.10: Single element Maxwell model in which the spring represents the stiffness of the fluid
damper ¢ in N/m and the dashpot represents the viscous damping d in Ns/m.

The model in Figure 4.8, however, was derived using equations of motion and describes the
displacements and velocities of moving masses and the corresponding parameters are the
system properties stiffness ¢ in N/m and damping d in Ns/m. Therefore, the Maxwell
parameters are transformed into system properties. The transformed single Maxwell element
is depicted in Figure 4.10.
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Figure 4.11: RMD model with LVE fluid behavior included in the damper model.
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Figure 4.12 a) The fin area and corresponding geometrical parameters and b) the symmetric gap.
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443 Model extension with Maxwell elements

A schematic representation of the extended damper unit model is shown in Figure 4.11 with
the Maxwell elements shown in the dashed square. An arbitrary number of Maxwell models
can be added to describe LVE properties of the damping mechanism. An additional mass m,,
is added to the model, which represents the mounting mass and contains the slot part. The
spring with stiffness c,, and dashpot with damping d,, represent the connection to the fixed
world or to a motion stage. The springs and dashpots in the LVE damper model create forces
as a result of the position differences and velocity differences respectively between the
degrees of freedom. In between the springs and dampers in the LVE damper model, additional
degrees of freedom — with their corresponding masses (my, -:+,m,,) — are added to enable the
derivation of equations of motion.

These masses balance the force equilibrium between the springs and the dashpots and can be
seen as the mass of the fluid. These degrees of freedom are necessary for interconnecting the
spring and dashpot elements: the masses should be chosen relatively low to limit their
influence and approximate the Maxwell model of Figure 4.9 closely. The corresponding state
space matrices are presented in (4.5).

0 1 0 0 0 0 0 0 Bl 0]
S dimi e 0 ey 0 0 dn Um
0 0 0 1 0 0
afm, 0 | —qfm, -djm, 0 dyjm,
: 0 :
0 0 0 1 0 0
gm0 ~cfm; djfm, 0 djm; 0
L 0 : : : (4.5)
0 0 o 10 0 0
cm, 0 -c,fm, -djm; 0 d,fm, 0
0 0 0 0 0 -0 0 0 1 "6"
c+c,) n
AL A0 0 dn 0 a8 ddcfam]

These matrices can be used in the definition of a state space model:

X = Ax + Bu (4.6)
y=Cx+Du 4.7)

in which state vector x represents the vector with displacements and velocities of the masses
as presented in Figure 4.11. Input vector u includes the input force and y represents the output
displacement of the moving mass.
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4.4.4 Separation of geometry and fluid
The damper model with Maxwell elements contains the system parameters stiffness and
damping in N/m and Ns/m, respectively. These properties, however, depend on:

e damper geometry,
e fluid properties.

In order to obtain the fluids’ physical parameters, the geometrical properties should be
excluded from the solution. For that purpose, the rheological expressions, the storage G’ and
loss modulus G”, for the fluid behavior are introduced. The strain yand strain rate y in a fluid
under harmonic excitation with frequency w is described by:

Y = yosin(wt) 4.8)
Y = wyycos(wt) 4.9)

in which y, is the strain amplitude. The shear stress in the fluid is described by:

T = 1psin(wt + §) (4.10)

in which § is the phase lag of the stress with respect to the strain. This equation can be
rewritten as:

T = 1)sin(wt) + 7' cos(wt) (4.11)

The storage and loss moduli are defined by:

G =2 (4.12)
Yo

¢ =" 4.13)
Yo

For the multi-mode Maxwell model, these moduli can be calculated as function of frequency

using:

) = w?2?
G'(w) = z Gim (4.14)
k=i t
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n
' _ O)Ai
G (w)_ZGin/li (4.15)
i=

in which A; presents the characteristic frequencies corresponding to the fluid modes. The
magnitude and the phase are given by:

|G(w)]| = \/G'(w)z + G"(w)? 4.16)
£6(w) = tan™? <GC;I(((Z)))> 4.17)

The dynamic viscosity values 7; corresponding to the Maxwell modes can be calculated by:

n; = Gl (4.18)

Figure 4.12 shows the geometrical parameters (I,w,h) of the damping mechanism (see also
Table 4.1). The relation between the stiffness and damping values in Figure 4.11, and the fluid
parameters elasticity and dynamic viscosity are, respectively:

2lw
C; G 4.19)
2lw

in which the factor 2 comes from the double sided fin. Finally, the zero shear viscosity of the
fluid can be calculated by:

n
as = ) “21)
i=1
i.e., the zero shear viscosity equals the sum of the dynamic viscosities.

4.5 Fluid model calculation

Figure 4.13 shows three measured frequency responses. The solid line represents the
undamped behavior with the fin mass added: see Figure 4.7. The other two lines show
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Figure 4.13: Bode diagram with three measurements included. The undamped measurement and two
measurements with different damping units are shown. The phase diagram is corrected for time delays
introduced during measuring.

measurements with the two different damping mechanisms (see Figure 4.6), including the
fluid, inserted. The dash-dotted line shows the behavior of the single fin damper mechanism
and the dotted line represents the behavior with the double fin applied.

451 Model fit

To obtain the behavior of the damping mechanism, the frequency response of the Maxwell
model is fitted to the measurement data. This results in the damping parameters, i.e., the
stiffness and damping values. The parameters corresponding to the undamped mechanism are
applied in the model. Stiffness c¢,, is chosen relatively high to simulate a stiff connection
between the measurement table and the damper setup. To calculate the fluid behavior, model
parameters have to be fitted on the measurement data and this is executed using an
optimization algorithm. The complex response as function of the input frequency is measured
and presented by the magnitude and the phase diagram. Additional time delays are present in
the phase data, caused by finite time delays during measuring. Therefore, to use the phase for
fitting, an estimate has to be made for the phase delay. To avoid this unnecessary estimate, the
magnitude information is used in the optimization algorithm.

The cost function is defined as:

min, J(x) (4.22)

In which parameter vector x contains the parameters for the springs and dampers:

x=[c1 = Cnldy - dy]” (4.23)
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The parameter space is defined as:

Ib<x<ub (4.24)

Further equality and inequality constraints are not included. In the definition above, the cost
function is defined as:

J () = [UIRmeasll* = 1Rmoa NI oo (4.25)

In this equation R,,.4s and R,,,q(x) describe the vectors with complex response data of
respectively the measurement and the model as function of the frequency. The maximum
value of the absolute error between the vectors with model data and measurement data is used
for cost function evaluation. The length of parameter vector x amounts two times the number
of Maxwell modes: the stiffness and damping are included for every single mode. In this
optimization criterion all spring stiffness values in N/m and damper values in Ns/m can be
chosen freely which implies that the time constants of the fluid modes are not determined on
beforehand. Although the best fit for a fixed number of Maxwell modes is guaranteed by this
approach, it does not necessarily result in a frequency equally spaced distribution of the time
constants of the modes. This optimization calculates c; :- ¢, and d; ---d, such that the
magnitude of (4.5) fits on the magnitude plot of the damped measurement shown in Figure
4.13. Masses (mq,:-,m,) are determined beforechand and are not included in the
optimization parameters.

4.5.2 Optimization approach
An optimization algorithm has to be chosen to find the minimum value of the cost function as
presented in (4.25). For this purpose, the properties of this function have to be investigated.
The simplest function in this optimization formulation is a damper model with a single
Maxwell element. This results in an optimization problem with two independent variables: a
stiffness value and a damping value. The cost function for this 2-parameter problem can be
visualized in a 3D-surface, which gives an impression of the complexity, continuity and
convexity of the cost function. The resulting surface is shown in Figure 4.14, which shows the
error of the fit with respect to the measurement for a grid of parameter values. The x- and y-
axis are scaled logarithmically. The damper value ranges lel - 1e6 Ns/m, the stiffness 1e5 -
1e9 N/m. The most important property regarding the choice of the optimization algorithm is
the convexity property. Figure 4.14 shows that, within the parameter space studied, more local
minima exist. To illustrate this in more detail, a contour plot of the error is given in Figure
4.15. Three gradient-based optimizations are performed with slightly different starting points,
indicated by the arrow. The three resulting optima are different: only optimization path 3
shows the trajectory to the global minimum. This proves that this problem has a non-convex
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Figure 4.14: Error landscape between the measurement and the model for a single Maxwell element
damper. The x- and y-axis represent the stiffness and damping values on logarithmic axes. The z-
direction shows the absolute error J(x) in dB between the measurement and the fit in decibels.
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Figure 4.15: Contour plot of the error landscape of Figure 4.14. Three optimizations are plotted in
order to show the non-convex behavior within the optimization field. The three lines start at slightly
different points (indicated by the arrow) and end up in three different minima.

character, even in case of a single mode Maxwell description. Therefore, non-convexity is
assumed in case of more Maxwell modes too. In addition, discontinuous behavior is visible
within the parameter space. These properties: discontinuity and non-convexity, require a non-
convex optimization algorithm in order to try to find the global minimum. A hybrid
optimization procedure is applied, which starts with a genetic algorithm (GA) [9] to deal with
the problem of multiple local minima. Although, in general, this type of algorithms do not
guarantee that the global optimum is found, its efficiency can be influenced by choosing the
correct algorithm parameters and initial population size [28]. After a number of iterations, the
solution of the GA is assumed to be in the vicinity of the global minimum and is used as
starting point for a gradient-based optimization procedure [75]. For this specific problem the
parameter space is completely feasible. This is an advantage, just as the absence of equality
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Table 4.3: Convergence of the error as function of increasing number of Maxwell elements.

# Modes Error [dB]
1 3,32
2 0,94
3 0,40
4 0,41
6 0,41

constraints. This avoids problems how to deal with infeasible parts of the parameter space and
increases the convergence rate of the algorithm.

45.3 Resulting fluid model

First, a single Maxwell element has been fitted. An impression of the measurement and the
model estimate are shown in Figure 4.16. The maximum value of the error, after optimization,
amounts 3.35 dB. A part of the frequency range, between 2200 and 3400 Hz, is excluded from
the cost function: the measurement shows parasitic dynamics in this frequency range due to
the finite stiffness of the table on which the whole setup is fixated. To decrease the error, a 3
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Figure 4.16: Bode diagram of the measurement and single Maxwell mode fit of the damped behavior with
the double fin setup. The upper plot shows the magnitude. The fitted behavior is shown by the dash-
dotted line. The lower plot shows the error as function of the frequency with a maximal error value of
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Figure 4.17: Bode diagram of the three Maxwell mode fit on the same measurement as shown in
Figure 4.16. The maximal error value amounts 0.40 dB.
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Table 4.4: Resulting parameter values for the springs and dampers and the corresponding fluid parameter

values.
Mi#1 Mi#2 M#3

c 1.51e5 4.29¢6 5.72¢7 N/m

D 646.6 790.5 607.4 Ns/m
Fluid parameters

G 15538 4.41e5 5.87e6 Pa

n 66.3 81.1 62.3 Pas
Time constants

A 4.3e-3 1.8e-4 1.06e-5 s

element Maxwell model — 6 parameter optimization — is fitted on the measurement data. The
result is shown in Figure 4.17. The error has decreased to 0.40 dB, which is a reduction of 8
times with respect to the result of the one Maxwell element model. The error development as
function of the number of Maxwell elements is shown in Table 4.3, which shows that the
error value saturates at three Maxwell elements. More elements do not improve the solution
further and show a certain noise level with more than 3 modes. Figure 4.17 shows that the

measured behavior is well captured.

As described in (4.19) and (4.20), the fluid parameters G;, n; can be calculated using the
geometrical data [, w, h of the damping mechanism. The time constants A; of the different
modes are calculated using (4.18). The resulting fluid parameters are listed in Table 4.4.

The zero shear viscosity amounts 209,7 Pas, see (4.21). This value underestimates the
specified value by 4.7 %. Figure 4.18 shows the storage and the loss moduli as function of the
frequency. The compound behavior as well as the contributing modes are presented. The
frequency range in which the measurement is taken with good quality is indicated in the
figure. The magnitude and phase of the complex modulus G* are given in Figure 4.19. The
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Figure 4.18: Storage modulus G'(w) and loss Figure 4.19: Magnitude and phase
modulus G"'(w) with the separate modes. of modulus G (w).

70



Robust Mass Damper Design for Bandwidth Increase of Motion Stages

107y /’ Loss modulus — G’ [Pas] |
’ = = = Storage modulus — G’ [Pa]
10° 10' 10° 10° 10" 10°

Frequency [Hz]

Figure 4.20: Storage and loss moduli.

Table 4.5: Resulting fluid model values for the single fin measurement

M#1 Mi2 Mi#3
G 3,49¢5 30,35 2,72¢9 Pa
n 69,5 Se-4 70,9 Pas

phase plot clearly shows the amount of damping as function of the frequency. At low
frequencies the phase equals 90 deg, which implies pure viscous behavior. The phase
decreases for higher frequencies, which indicates the linear visco-elastic frequency range.

After 12 kHz, the phase crosses 45 deg and sharply decreases: the damping vanishes and the
fluid becomes elastic.

This 45 deg crossing is also visible in Figure 4.20, in which the storage modulus exceeds the
loss modulus after 12 kHz. Figures 4.18 — 4.20 show a frequency range between 1 Hz and 100
kHz to show the different Maxwell modes and their compound behavior. However, the cost
function is defined between 20 Hz and 7 kHz, and the damper behavior is only fitted in that
frequency region. Therefore, the fluid model should only be considered accurate in this
frequency region only.

Magnitude [dB]
=

SF-measurement

—10f| * == Model estimation
10’ 10°
52 :
S, max =1.68 dB o,
== S plos
o ® 509°00%, ”f. 000
[5 ot 000’"”‘ : M&‘Q ’.‘:{‘% >

3 4

10 10
Frequency [Hz]

Figure 4.21: Damper measurement with the single fin mechanism — continuous line — and the predicted
behavior with the derived fluid model shown by the dash-dotted line. The lower plot shows the error
between the prediction and the measurement.

71



Chapter 4 — LVE Characterization of an Ultra—high Viscosity Fluid

4.6 Fluid model validation
4.6.1 Double fin model validation

As shown in Figure 4.6 and 4.13, two damper geometries were designed and two
measurements are performed: one with the double fin damping mechanism and one with the
single fin damping mechanism. In the previous section, the double fin measurement was used
to derive a fluid model. In order to validate this fluid model, the reverse approach is applied:
the fluid model is used to predict the behavior of the damper with the single fin mechanism
inserted and compared with the measurement. In Figure 4.21 both lines are shown. The
magnitude figure shows that the model provides a quite good estimate of the measured
behavior of the damper. The maximum error amounts 1.7 dB, see lower plot. This relatively

small error indicates that the fluid model is good enough to predict the damper behavior over
this frequency range.

4.6.2 Single fin fit and validation

The fitting procedure of Section 4.5 is repeated on the single fin measurement to obtain a
second model of the Rocol fluid. The result is shown in Figure 4.22a. The maximal absolute
error after optimization with three modes amounts 0.88 dB. The resulting fluid model
parameter values are listed in Table 4.5.

The zero shear viscosity amounts 140,4 Pas. This value is 36 % lower than specified. This
model is verified by estimating of the behavior of the double fin setup and comparing the
result with the measurement of the double fin setup. Figure 4.22b shows this comparison. The
maximal error between the predicted behavior and the measurement amounts 2.3 dB and
appears at approximately 3500 Hz. This error is 36 % larger than the error in Figure 4.21,
which shows predicted behavior with the double fin fluid model. The error plot in Figure
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Figure 4.22a: Damper measurement with the single fin mechanism and the fitted behavior with a three
mode model. The lower plot shows the absolute error between the measurement and the fit.
Figure 4.22b: Measurement of the double fin mechanism — continuous line — and the predicted behavior
shown by the dash-dotted line. The lower plot shows the absolute error value between the prediction and
the measurement.
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4.22b shows an error increase for higher frequencies. Below 2 kHz the error value does not
exceed 1 dB. Especially for frequencies between 3,5 and 7 kHz, the error value is fluctuating
around 2 dB. This indicates that the fluid model is more accurate in the frequency range
between 200 Hz and 2 kHz than it is for higher frequencies. This phenomenon can be
understood when taking a closer look at Figure 4.13. This figure shows two damped
measurements and one undamped measurement. At 2 kHz and above, the magnitude of the
undamped measurement and the magnitude of the single fin measurement show the same
behavior which is determined by the mass line. This indicates that there is hardly a difference
between those two behaviors and, therefore, it is difficult to identify the fluid behavior in this
frequency region.

4.7 Concluding remarks

A design of a sliding plate damper that can be used to characterize LVE fluid behavior of high
viscosity fluids in the frequency range between 10 and 10e3 Hz, i.e., it can be used as a
rheometer, is presented. The drawbacks of standard sliding plate devices are taken care off by
the mechanical design: elastic elements are applied to enable a measurement stroke combined
with stiff guidance in other directions. This flexure mechanism very precisely determines the
position of the fin with respect to the slot part. Linear viscoelastic fluid characterization of a
high-viscosity fluid is performed in a frequency range from 10 Hz to 10 kHz. In this
frequency range of 3 decades, a three-mode Maxwell model can accurately describe the
behavior. The fluid model obtained by the double fin setup appeared to be much more
accurate than the fluid model obtained by the single fin measurement. The fluid model
resulting from the double fin measurement shows a zero shear viscosity of 209.7 Pas. This
indicates that at least most of the linear viscoelastic behavior and, therefore, LVE frequency
region of the fluid is captured in the frequency range that has been fitted. The obtained LVE
fluid models are applicable in the design procedure of dampers for future motion systems.
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Figure 4.23: Damper transfer functions based on the three mode fluid model. The dotted line shows
behavior for a damping mechanism with ten fins. This curve shows a larger frequency range that is
dominated by the damping behavior.
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4.8 Discussion

This chapter shows a sliding plate damper design that is used as a rheometer to measure the
LVE properties of a high-viscosity fluid in the frequency range between 10 Hz and 10 kHz.
Resulting fluid parameters, in terms of a Maxwell spectrum, of a high-viscosity fluid are
presented.

Even in case of an underestimated zero shear viscosity, no fluid modes should be added above
7000 Hz if the measurement is not of good quality in that region. A lack of HF modes causes
the phase to decrease after the last mode, and the model under-estimates the damping if a
mistake is made: it is the safest mismatch with respect to model use in future motion stage
design.

The resulting fluid models are applicable in the design of industrial dampers for motion
stages. This is demonstrated in [104]. Although the presented fluid models are applicable in
design procedures, improvements can be made regarding the damper design, which might
improve the quality of the models further. To derive the fluid model the damper displacement
is measured. The displacement graphs show, as function of frequency, successively, a region
dominated by the stiffness, one dominated by the damping and one dominated by the mass.
The damping behavior is dominant around the damper’s resonance frequency. The single fin
measurement and the double fin measurement and their validations show that a higher
damping value leads to a larger damping dominated frequency region and, therefore, to a
more accurate fluid model. Figure 4.23 shows model calculated behavior of respectively: the
undamped, single fin and double fin displacements with an additional line for a hypothetical
setup with 10 fins. This shows that the damping becomes more dominant en therefore can be
separated from the measurement with higher accuracy, especially at frequencies further from
the resonance frequency. Figure 4.23 shows that the damping behavior can be distinguished
more accurately in the frequency regions 10-100 Hz and 3-10 kHz. This results in a higher
quality of the fluid model, at least in these regions. Related to this observation is the question
about the viscosity range of fluids that can be measured in this setup. Based on the previous
statement about force dominated frequency regions, this setup is not suitable for fluids with a
zero shear viscosity lower than 100 Pas. For lower viscosities, the damper design should be
changed to obtain accurate fluid models. The RMD’s geometrical damping factor can be
changed to increase the influence of the damping forces with respect to the stiffness and mass
forces. A more rigorous change is the design with a lower stiffness and moving mass to
maintain the same natural frequency and decrease the stiffness and mass forces, which
increases the sensitivity with respect to the damping behavior. In order to create LVE models
over a different frequency range, setups with different natural frequencies can be designed to
increase the sensitivity of the measurement and, therefore, the resulting LVE model quality in
a specific frequency range.
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Chapter 5
Damping Optimization of a Complex

Motion Stage and Experimental Modal
Analysis

Abstract - This chapter presents robust mass damper design for a complex motion stage
design made of ceramics. The modes that have to be damped are determined in the frequency
range between 1 and 4 kHz. The damper placement is elaborated upon and, subsequently,
optimization algorithms are applied in order to calculate the maximum open-loop suppression
factor of resonances over a specified frequency range. Damper hardware is designed based on
the optimization results and the approach is proven by experimental validation. As a result,
the equivalent modal damping of the resonances visible in the frequency response function is
increased by at least 16 times between 1 and 4 kHz and, in addition, by 10 times up to 6 kHz.
The time response with robust mass dampers shows an amplitude decrease rate which is 20
times faster with respect to the stage without dampers. The ability to crate broad banded
damping by RMDs in case of realistic motion stage designs is explicitly proven in this
chapter.

This chapter is in preparation for submission.



Chapter 5 — Damping Optimization of a Complex Stage Design

5.1 Introduction
5.1.1 The control problem of lightly damped systems

Motion systems are applied in many industries. One of these industries is the production of
integrated circuits (IC’s). The main step in IC production is the illumination of the IC pattern
on the substrate’s surface which is called a wafer [88]. For this purpose, the wafer is
positioned on a motion stage which is positioned under an optical column. The illumination
step is currently limiting the production of IC’s for two reasons: 1) the minimum feature size
is, among other things, limited by the positioning accuracy of the stage with respect to the
optical column and 2) the throughput is limited by the maximum acceleration, velocity and
settling times [43]. These properties are largely determined by the motion control system
[18,58] and, therefore, much research is executed in the field of motion control. Different
control strategies are applied to deal with specific problems. A control system normally
consists of a feedback loop and a feedforward path. The function of the feedback loop is [30]
suppression of disturbances and the creation of robustness against parameter changes. The
function of feedforward is application of acceleration forces using a setpoint trajectory by
using an inverse plant model [54].

Various control strategies are developed to increase the performance further: H.-controller
design for performance increase [83,102], and iterative learning control to track specific
references and reject repeating disturbances [24,89].

A feedforward controller performs well only to the extent that the system’s dynamical
behavior is accurately known. Friction, nonlinear behavior, and disturbances can limit the
effectiveness of feedforward control. A feedback controller counteracts the outgrowth of
unmodeled system behavior and random disturbances acting on the motion stage. The
suppression of disturbances is proportional to the controller gain, which is expressed with the
term high-gain feedback.

The performance — maximum controller gain — of a control system is largely determined by
the plant behavior [65]. The stage moves as a rigid body at low frequencies, in contradiction
to higher frequencies at which multiple flexible eigen modes show their resonance frequency.
The bandwidth limit is a function of: 1) the frequencies of these modes, 2) the actuator and
sensor locations which determine which modes appear in the measurement and how they
present themselves, and 3) the modal damping of the resonances. The displacements of the
eigen modes appear as vibrations which persist in the stage as function of the damping value.
High-precision motion stages typically contain low modal damping values. This results in
large amplification factors at the resonance frequencies and therefore transient responses that
hardly damp out.

Many methods are presented in literature to increase the modal damping. Different damping
models for mechanical systems, with attention to viscously and non-viscously damped
multiple degree-of-freedom (DoF) linear vibrating systems, is presented in [3,33]. One
solution is to use materials with a high structural damping value [13,77]. Ceramics are often
used in motion stage design because of their high specific stiffness and possibilities to create
low thermal expansion coefficients [4,80]. However, these materials usually lack damping
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[8,20]. Various approaches are available to increase the modal damping of structures.
Constrained layers can be designed for vibration and sound control for specific frequency
regions, in both passive and active variants [41,106]. Squeeze film dampers can result in very
high damping values [35]. The Tuned Mass Damper (TMD) is a solution to suppress the
amplification factor of a resonance frequency [25]. These devices range from a few grams to
devices with a few hundred tons of moving mass for tall buildings and towers [51]. Especially
in structural engineering such devices have proven to be very useful and have been developed
for decades [11,52], with extensions to semi-active [2] and active devices [21] as well as multi
DoF versions [6,111]. Multiple TMD’s can be added to obtain a more broad-banded damping
behavior [1].

To improve the modal damping over a broad frequency range, Robust Mass Dampers (RMDs)
are proposed in Chapter 2. It was shown that the bandwidth of the motion system can be
increased by adding dampers to a motion stage. For good results with a minimum number of
dampers added, the dampers have to have a broad banded damping effect, which is created by
relatively high modal damping values. This is the main difference with tuned mass dampers,
which contain relatively low modal damping values (10-25%). Robust mass dampers typically
show modal damping values larger than 0.5. In Chapter 2, broad banded damping was shown
for a square plate stage model together with corresponding bandwidth improvements.

5.1.2 Contributions and approach

This chapter presents the results of a robust mass damper implementation on a complex
motion stage with realistic natural frequencies to increase the modal damping of the out-of-
plane modes. Existing motion stage hardware is used as a starting point. RMD’s are designed
based on a shear loaded high-viscosity viscoelastic fluid to obtain a linear time-invariant
damper. A design approach is presented which results in parameter values for the dampers to
improve the modal damping over a specified frequency range. The RMD’s are realized and
characterized to validate their behavior. Experimental modal analyses are performed at stage
level with and without RMD’s added. The theoretical advantages of the implementation of
RMD’s are proven in practice, in particular for motion stages, and limitations and further
challenges are observed and discussed.

The main question to be answered is how to determine the damper parameters for a complex
motion stage with realistic dampers included. For this purpose, a complex motion stage with
its dynamic model is presented in Section 5.2 and the damper structure is introduced. Section
5.3 shows the approach to determine the damper parameter values to obtain optimal modal
damping over a specified frequency range. Damper parameters are presented and the damper
design is elaborated in Section 5.4. In addition, it shows the characterization of the dampers
after production. Section 5.5 presents the experimental validation of the stage with dampers
added. Frequency domain results are given as well as time domain results. Section 5.6
concludes the chapter by summarizing the results and Section 5.7 discusses about the
interpretation of the results.
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5.2  Stage and damper dynamic models

To apply the approach to increase the modal damping of motion stages in full complexity,
hardware is necessary as starting point. In this chapter, existing hardware is investigated to
show that the approach is not design specific. This section describes the hardware and the
problems that have to be solved.

5.2.1 Motion stage hardware

Figure 5.1 shows a photograph of an experimental motion stage design. This is a monolithic
ceramic structure with a complex geometry. The design from top view is squared and the ratio
between edge length and stage height is roughly 4.8:1. The top plate is supported by ribs to
stiffen the structure. To increase realism, pockets are designed in the top plate in which
measurement devices can be mounted. In addition, the corners show protrusions to
accommodate for additional sensors. These features add a substantial amount of complexity to
the stage design, which is beneficial for considering this design a complex stage model to
validate the theory. An unassembled stage is analyzed in this approach. A computer aided
design (CAD) model of this stage has been made and is presented in Figure 5.2.

A finite element model is created and an undamped modal analysis is performed. Properties of
the model, the material and the software are listed in Table 5.1. The lack of material damping,
the absence of part interconnections and the monolithic design justify an undamped modal
analysis to calculate the stage’s natural frequencies and corresponding mode shapes. The
stage FEM model is unsuspended, which means the free natural frequencies are calculated.
The material properties as listed above are used and the natural frequencies of the model are -

Figure 5.1: A photograph of the experimental stage design made of ceramics. This stage is used in
order to prove the possibility of broad-banded resonance damping.

Figure 5.2: A CAD model of the motion stage, created by 3D-modelling software.
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calculated up to 6 kHz. Subsequently, the natural frequencies and the nodal displacements
corresponding to the mode shapes are exported and saved.

Figure 5.3 presents the first six flexible modes of the stage. Note that although this design is

Table 5.1: Material and model properties of the stage and the corresponding FEM model.

Material properties Value Unit
Material name Ceramic -
Specific density 2550 kg/m’
Young’s modulus 1,44e+11 Pa
Poisson’s ratio 0,32 -

Software properties

Software

Solver

NX 7.5.1 / Nastran
103 Modal Analysis

Model properties

Dimensions
Volume

Mass

Number of elements

Number of nodes

600 x 600 x 125 mm’
3

8.98¢6 mm
229 kg

804581 -

228294 -

Figure 5.3: The first six flexible modes of the motion stage calculated with FEM.

Table 5.2: Natural frequencies of the first six flexible modes of the motion stage.

Mode # Mode name Frequency
M# 7 Torsion Mode 1532 Hz
M# 8 Saddle Mode 1919 Hz
M#9 Umbrella Mode 2552 Hz
M# 10 HO bending mode 2760 Hz

M# 11 HO bending mode 2760 Hz
M# 12 HO saddle mode 3538 Hz
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Figure 5.4: Collocated frequency response function at the stage corner in z-direction.

much more complex than a square plate (due to the complex geometrical design and the 4.8:1
length-height ratio), the first six modes show comparable mode shapes. The corresponding
natural frequencies are listed in Table 5.2. The first six modes are rigid body modes that do
not show internal deformation, which explains the mode numbering from 7 to 12 in Figure
5.3.

A motion stage with a configuration as presented in Figure 5.1, usually contains four sensors
in z-direction which are mounted to the stage’s corners to measure the vertical stage position.
Therefore, the mode shapes that show amplitudes in z-direction at these corners are often
limiting the bandwidth of the closed loop in z-direction. Figure 5.4 shows a collocated
frequency response function of the stage’s corner and therefore shows the resonances that are
visible at the sensors. These modes are included in the observability of the control system.

Because the robust damper design is intended to improve the bandwidth of the control system,
the dampers should be able to suppress the bandwidth limiting resonances maximally. Figure
5.4 shows an undamped, collocated frequency response function of the stage corner to
visualize the resonances appearing at the corners. The first resonance at 1532 Hz belongs to
the torsion mode and the second visible resonance at 2552 Hz belongs to the umbrella mode.
Note that the saddle mode at 1919 Hz (mode 8) is not visible in this frequency response
function because of the fact that this mode does not show displacements in z-direction at the
corners, it is unobservable. See Figure 5.3 and Table 5.2 for the first six NRB mode shapes
and corresponding natural frequencies. The goal of this approach, motivated by the position of
the sensors on the corners, is to increase the modal damping of the modes that show
displacements in z-direction at the stage’s corners. The modes that have to be damped are,
respectively, nrs: 7,9, 10, 11, and 13.
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5.2.2 Damper placement
The transfer function T;(s) is defined as the contribution of a single mode i in an input/output
transfer function and is presented in (5.1). It shows that the visibility of a certain mode in a
transfer function depends on the modal factors of the actuator ®{<* and the sensor ®;°":

¢§lCl’ . (psen 1
i i _
s2+2{w;s + w?  ms?+d;is + ¢

Ty(s) = (5.1)

From this equation, by rearranging the second and third part, the result appears that the modal
mass of a mode in a certain transfer function equals:

1

= pact sen
q)i q)i

(5.2)

m;

This equation shows that a certain mode’s modal mass depends on the locations of the
actuator and sensor. Since a robust mass damper can be seen as a local control loop, the
actuator and sensor location are equal. This results in the following equation for the apparent
modal mass for mode i at the RMD location:

1

It is known from literature that the efficiency of an RMD depends on the mass ratio of the
RMD and the mode that has to be damped. From this and (5.3) it follows that the efficiency of
an RMD to damp a certain resonance depends on the position of the damper on the stage in a
quadratic sense. Figure 5.5 shows top views of the stage for mode 7 until 10 with the largest
displacements indicated by the filled areas. The displacement based approach as shown,

Torsion mode (M#7) Saddle mode (M#8)

7
.

Umbrella mode (M#9) H.O. symmetric mode (M#10)

@
.

Figure 5.5: Top view of the stage of the four lowest NRB modes. The areas with the largest
displacements in z-direction indicated for mode number 7, 8, 9, and 10.
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40 % indicated 2 % indicated

Figure 5.6: Top view of the stage with the largest displacements of the first four limiting modes
indicated. The left figure shows a plot in which 40 % of the largest displacements is indicated. The
combined shape of the contributing modes is visible in this plot. The right figure shows a view in
which the largest 2 % of the displacement area is indicated. This refinement shows that the corners
are the best mounting locations for RMDs for this specific motion stage.

however, shows that a stage location with large amplitudes can significantly decrease the
damper mass needed to obtain a certain amount of suppression.

For this application, broad banded resonance suppression is intended, which implies that more
than one resonance has to be suppressed. The argumentation of the position based apparent
modal mass still holds, however, in this case an RMD location should be found that
minimizes the modal mass of all modes that have to be damped. This implies that a stage
location has to be found at which these modes all show displacements. Figure 5.6 shows the
result of a search for large displacements in z-direction for mode numbers 7, 9, and a
combination of mode 10 and 11, because mode 10 and 11 are symmetric modes with the same
natural frequency. The left plot shows 40 percent of the largest displacements in z-direction
which indicates that the center lines and the stage center should not be used to mount the
dampers to. The right figure shows the 2 percent largest displacements and this figure clearly
shows that the dampers should be mounted to the corners. Based on this analysis four
dampers should be mounted in z-direction: one damper at each corner.

5.2.3 Dynamic models
A dynamic model is created in state space modal-1 form and implemented in Matlab. The
corresponding mathematical expressions of the system triples component matrices of the i
mode are presented in (5.4), (5.5), and (5.6).

Ami [_(()‘)i —Zaéfwi] (5.4)
Bic =[] (5:5)
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Cmi = [Cmqi/ @i i (5.6)

The separate modes form the state equations (5.7) and (5.8) and the summation results in the

system behavior (5.9).

.')él = Amixl- + Bmiu (57)

Vi = CmiX; (5.8)

y= zn: Vi (5.9)
i=1

in which y describes the response of the overall system. The modal-1 model can handle large
differences between natural frequencies, however, it does not allow to add pure rigid body
modes (w = 0). Therefore, these modes are implemented as low-frequency suspension
modes. Finally, the modal damping of the stage has to be estimated and implemented in the
model. For that purpose, the first five resonances of a frequency response function are fitted
on a existing measurement data. These frequency response functions are shown in Figure 5.7.
The modal damping value obtained with the fit equals 8.8e-4. To avoid overestimation of the
performance of the dampers in terms of amplitude reduction, the implemented modal damping
in the dynamic model amounts 1e-3, which is an overestimation of 13.6 % with respect to the
fitted value and therefore underestimates the resonance amplification by 1.11 dB.

Now we will add an RMD model to the lightly damped stage model to increase the modal
damping of a number of modes. The robust mass damper with an LVE fluid inserted is
presented in Chapter 4. The dynamic model of the damper is shown in Figure 5.8.

The damper configuration consists of an inertial mass m, a translational flexible guide

)

=
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=60 ‘== Model fit [

-135}

Phase [deg]
|
S
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Figure 5.7: Bode diagram of a measured FRF and a fitted FRF to estimate the stages’ modal damping.
This fit is created with a modal damping factor of 8.8e-4.
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designed as a double leaf spring mechanism with total stiffness ¢ and a part that creates the
damping force with damping constant d. A complete system, containing all parts is called
RMD. The dashpot is intended to create a velocity dependent force. This combination of
components results in a linear time-invariant system behavior. The velocity dependent damper
force is the result of two parameters:

e the fluid’s mechanical properties,

¢ the damper geometry.

The behavior of the fluid used is measured and a Linear Visco-Elastic (LVE) 3-mode multi-
Maxwell model is fitted on the measurement data. The fluid model is presented in Figure 5.9.
This figure shows the viscous and elastic properties of the fluid as function of the frequency.
A complete elaboration of the fluid model is provided in Chapter 4. The damper principle is
chosen to be a parallel plate damper based on the shear principle with the viscous fluid in
between the two parallel plates. In case of a velocity difference between these plates, a
velocity gradient is created in the fluid causing a specific force per unit of area, which,
multiplied by the effective area submerged in the fluid, leads to a damping force. This leads to
the fact that the damping can be expressed with a geometrical damping factor (GDF) in m,
which is defined as:

GDF =+ =—— (5.10)

In this equation, A is the total area of the damper fins, n is the number of fins, [ is the fin
length and w is the fin width. Finally, h is the effective gap width in which the fluid is
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Figure 5.8: Damper model with multi- Figure 5.9: Storage and loss modulus of the 3
mode Maxwell fluid model included. Maxwell mode LVE fluid model.
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applied. This GDF, combined with the fluid properties in Pas and Pa, lead to a spring stiffness
in N/m and a damping constant in Ns/m. This visco-elastic behavior leads to an extension of
the RMD model and is shown by the extension with Maxwell models as indicated by the
serially mounted springs and dashpots, visualized in the dashed box in Figure 5.8. Mass m,,
represents the base part of the damper that contains the slot of the damping mechanism and
provides the damper mounting to the motion stage. This coupling is modelled as an additional
spring ¢,, and dashpot d,,,. This mass is determined to be 0.7 - m;. See Chapter 4 for a
detailed explanation of the damper principle and the corresponding dynamic model. The
question to be answered is: what should the damper parameters be for optimal suppression.

5.3 RMD parameter calculation

This section describes the approach to determine optimal parameter values of the robust mass
dampers for resonance suppression. These damper parameter values are used in the hardware
design phase. The RMD placement has been discussed in Section 5.2.2, therefore, the
approach is described to determine the resonances of which the damping should be increased
and an optimization technique is described to find the optimal parameter values.

5.3.1 Damper parameters
Because of the specific locations of the dampers on the stage, the resulting model is non-
proportionally damped, which means that the nodal damping matrix cannot be assembled
from a linear combination of the nodal mass and stiffness matrices. This implies that the stage
deformations no longer can be calculated by linear superposition of the undamped mode
shapes. The real natural modes as shown in Figure 5.3 have changed to complex mode shapes
and the system’s response becomes complex. A few problems arise while calculating the
modal damping by calculating the system’s poles: firstly, not all modes are equally damped.
This was already observed in Section 5.2 in which the damper locations are determined. An
example of an ‘undampable mode’ with, therefore, a fixed pole pair are the poles
corresponding to the saddle mode. Secondly, the non-proportional damping leads to resonance
frequencies that interchange as function of the damper parameters. To deal with these
properties, a modal damping criterion is applied based on observability of the limiting modes.

To find the optimal solution in terms of resonance suppression, the following properties have
to be determined:

e the RMD locations,

e the number of RMDs,

e the moving mass (my),

¢ the natural frequency (Wrpmp),

e the geometrical damping factor (GDFgpp).
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The first and second point are related and are discussed in Section 5.2. Damper parameters
have to be found to maximize the damping for a number of resonances. For this purpose, an
optimization procedure is used. There are mainly three reasons for the application of such an
algorithm:

¢ the complex stage dynamics: multiple modes are included in the model,
e the LVE fluid behavior of the damper,
¢ the broad banded suppression region.

The RMD’s mass, stiffness and GDF are parameters that have to be determined to obtain
optimal suppression values of the resonances. In general, larger suppression factors can be
obtained with larger RMD masses. Therefore, if the RMD mass is included in the
optimization procedure, it will result in a parameter value which equals its upper bound.
Therefore, the damper mass is chosen to be fixed in this optimization. This enables to choose
a damper mass, based on a modal mass approach and/or an overall mass limit. Subsequently,
the natural frequency and the geometrical damping factor are optimized for the chosen
damper mass. In this chapter, this approach is elaborated for a specific case, and afterwards
the relation of the resonance suppression factor with the damper mass is shown.

In this case, the damper mass is determined based on both approaches: the frequency response
function as shown in Figure 5.4 has a first resonance with a modal mass of 3.5 kg: this is
calculated using the displacement results of the undamped FEM modal analysis and (5.5). The
total stage mass is 22.9 kg, see Table 5.1. The total damper mass consists of m,, and m,, see
Figure 8: m,, is determined to be 0.7 - m;. The damper active mass m, is chosen at 65 g per
damper: this means a total damper mass (m; + m,,) of 110.5 g. The mass percentage with
respect to the first flexible mode amounts 7.5 % and an overall mass contribution of < 2 %
with respect to the stage mass is realized with four dampers added.

5.3.2 Optimization formulation
The RMD’s natural frequency wgryp and geometrical damping factor GDFgyp have to be
determined for this specific problem. The cost function is defined as:

min J(x) (5.11)
X
subject to,
Ib<x<ub (5.12)
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in which parameter vector x contains the undamped natural frequency of the RMD in Hz and
the geometrical damping factor (5.10) in m:

WRrMD ]

X = GDFpyp (5.13)

The suppression of the resonances in the Bode diagram is used as cost function J(x). This
cost function is visualized in Figure 5.10. The parameters that have to be set are the
frequencies f; and f,, which determine the frequency range in which the cost function is
evaluated. In between these frequencies, the resonances are determined and connecting lines
are drawn between the resonance peaks. From f; to the first resonance and from the last
resonance to f, horizontal lines are drawn. This discontinuous curve is called M,,. Curve
M,;(x) has the same shape and touches the damped FRF, and therefore, is a function of
parameter vector x. The cost function is defined as the distance between lines M,, and M (x).
This criterion forces a maximal suppression in dB of the visible resonances in the specified
frequency region. Equation 5.14 shows the cost function, expressed as the maximal difference
between M;(x) and M,,.

J(x) = —min(M,, — My(x)) (5.14)

Note that this cost function has a discontinuous character, due to the min function. For the
parameter upper and lower bounds, ample values have been implemented to find an optimal
solution without being restricted by these bounds.
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Figure 5.10: Graphical representation of the cost function. The resonances in the frequency range between
fi < f < f, are determined and a connecting line is drawn between the resonances. The left and right parts
are described by horizontal line elements.
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250 WRrMD ]S [5000] (5.15)

<
0.01] = lGDFrump 100

The upper and lower values for the parameters can be determined by the manufacturability of
the damper parts. Constraints, both linear and non-linear, are not included in this optimization
criterion. To find an optimal solution within the parameter space, a hybrid optimization
algorithm is applied which firstly executes a genetic algorithm. The solution of this
optimization, which is assumed to be close to the global minimum, is used as initial guess for
a gradient based optimization procedure.

The following sections show two optimization cases:
¢ asmall banded optimization which includes a single resonance,
¢ abroad banded optimization which includes a range of resonances.

The small banded example is provided to create a connection with the solutions that are
known from literature which are typically small banded and to enable a comparison with the
results of the broad banded optimization.

5.3.3 Small banded optimization
The algorithm is used to calculate the optimal parameters to suppress a single resonance
frequency. The result is shown in Figure 5.11 and shows Tuned Mass Damper (TMD)
behavior.

For this single frequency resonance damping, as widely described in literature, stiffness and
damping values can be calculated by hand [25]. The symmetry of the stage design, combined
with symmetrical damper locations, simplifies these calculations. Therefore, the results of
both the optimization and of the calculations by hand are presented in Table 5.3 for
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Figure 5.11: Result of the optimization procedure with the LVE fluid model included. The cost function is
specified between 1000 and 2000 Hz. This implies that the first mode is suppressed by the dampers.
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comparison reasons. Note that mass m,, belongs to the damper, but is connected rigidly to the
stage and therefore, should be added to the stage’s apparent modal mass. Table 5.3 shows the
results for the optimization procedure with (1) the LVE fluid model, (2) calculations by hand,
and (3) an optimization result for a purely viscous fluid. The last is added to explain
differences between the results of cases 1 and 2. In the viscous fluid optimization case, a fluid
model is used that contains only viscous behavior for the specified frequency range, elasticity
is absent. These results do match the calculations made by hand by 0.1 dB, see Table 5.3,
cases 2 and 3. This difference is due to the theory as described in [25], which only contains
equations for a system with a single resonance, on which a damper is added. This frequency
response function is a sum of over 45 modes. The LVE fluid optimization, however, shows
different parameters for the dampers, and a slightly larger suppression is obtained. The LVE
fluid optimization shows the following behavior with respect to the solutions with the pure
viscous fluid:

¢ the suppression factor is 0.2 dB larger,
¢ the natural frequency is 8.8 % lower,

® the damper area is 2.76 times larger.

Table 5.3: Optimization results for single resonance suppression. The cost function is defined between
1000 and 2000 Hz. The results marked with a (*) are calculated after optimization, using the zero shear

viscosity.
Stage properties Value Unit
First natural frequency 1532 Hz
Eff. modal mass first mode 3,48 kg

Damper properties

Mass my 65 g
Mass m,), 45,5 g
Coupling frequency 10e3 Hz

(1) LVE fluid optimization

Natural frequency 1271 Hz
Geometrical damping factor 2,1 m
* Modal damping - ZSV based 0,445 -

Amplitude reduction -39,6 dB

(2) Calculations by hand

Natural frequency 1394 Hz
Modal damping 0,147 -

* Geometrical damping factor 0,76 m
Amplitude reduction -39,3 dB

(3) Viscous fluid optimization

Natural frequency 1390 Hz
Geometrical damping factor 0,81 m
* Modal damping 0,157 -

Amplitude reduction -394 dB
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The last two can be explained by the LVE fluid behavior: at 1500 Hz the fluid’s phase has
decreased to 65 deg, which reduces the efficiency as a damping medium. This phenomenon is
compensated by the larger GDF. Due to the fact that the fluid is already partially elastic
around 1500 Hz, an additional stiffness is introduced. This is compensated by the lower
natural frequency. The larger suppression of 0.2 dB with respect to the viscous fluid is
elaborated upon in Appendix C. This solution, with { < 0.5, is typical for a tuned mass
damper, which has to suppress one specific resonance and, therefore, contains a relatively low
modal damping value.

5.3.4 Broad banded optimization

To obtain broad banded damping, the cost function is redefined between 1 and 4 kHz. Figure
5.12 presents the resulting Bode diagram. This frequency range captures resonances 7, 9,
10/11 and 13, as used in Section 5.2.2, in which the damper locations are determined. It shows
a suppression of -23.6 dB. The resulting parameters are listed in Table 5.4. Figure 5.12 shows
that the suppression is limited by resonances 7 and 13, which both touch the cost function.
Figure 5.13 shows the pole loci as function of GDFgy,p with the optimized values indicated.
The mode numbers are added and the upper and lower frequencies of the cost function are
indicated by f; and f,. Lines a and b show the modal damping lines of the original stage
model (1e-3) and the damped stage respectively. Note that line b intersects with the crosses of
modes 7 and 13. Mode 9 and mode 10/11 show larger damping values.

This observation corresponds with the result in Figure 5.12. Table 5.4 shows the typical
behavior of a robust mass damper (RMD), which is characterized by a relatively high modal
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Figure 5.12: Result of the optimization procedure with the LVE fluid model included and the cost
function specified between 1000 and 4000 Hz, containing resonances 7, 9, 10/11, and 13. The result is
a range of resonances that are suppressed by the dampers.
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Table 5.4: Results of the broad banded optimization for the LVE fluid and a pure viscous fluid. The result
marked with a (¥) is calculated after optimization, using the zero shear viscosity.

LVE fluid optimization Value Unit
Natural frequency 1270 Hz
Geometrical damping factor 14,33 m
* Modal damping - ZSV based 3,04 -
Amplitude reduction -23,6 dB
Viscous fluid optimization

Natural frequency 2137 Hz
Geometrical damping factor 4,83 m
* Modal damping - ZSV based 0,61 -
Amplitude reduction -22,7 dB

damping value: over 50 % modal damping (¢ > 0.5). The natural frequency and the ZSV
estimated modal damping value amount 1270 Hz and 3.04, respectively. For comparison, an
optimization result is included with the purely viscous fluid model, as used in Section 3.2.3.
This fluid model contains only damping and, therefore, stiffness and damping are strictly
separated. The results are a natural frequency of 2137 Hz in combination with a modal
damping of 0.61. The geometrical damping factor of 14.33 m for the LVE optimization with
respect to 4.83 m for the purely viscous fluid, shows the compensation for the elasticity of the
fluid.

The natural frequencies of 1270 and 2137 Hz show that the mechanical stiffness compensates
for the added fluid stiffness. In this broad banded optimization case, a 6.8 times larger
geometrical damping factor has been calculated compared to the single resonance
suppression, and therefore, a relatively high stiffness is introduced by the LVE fluid. This is
compensated by the spring stiffness, which results in approximately equal natural frequencies
for both cases. The results as presented above show that the optimization algorithm is very
useful: the solution strongly depends on the LVE fluid properties. The algorithm calculates
the best combination of parameter values for optimal suppression.

5.3.5 Mass dependence and robustness

Results of separate optimizations for increasing damper mass, in a range from 10 to 250 g per
damper are shown in three graphs in Figure 5.14. The upper graph shows the suppression in
dB, which increases as function of damper mass. This figure shows a positive relationship
between suppression factor and damper mass over this mass range. The suppression amounts
12 dB per decade of damper mass, which means that the amplitude reduces by a factor 4 as
mass increases by a factor 10. This shows the tradeoff between the suppression factor and the
damper mass.

The robustness of both the small banded solution and the broad banded solution are calculated
by varying both the geometrical damping factor and the natural frequency by 10 % and
calculating the resulting suppression. Table 5.5 lists the resulting performance decreases for
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Figure 5.13: Root loci with the optimization result of the damper mass. The upper graph shows the
indicated by the crosses. The numbers represent the suppression factor in dB, the second graph shows the
flexible modes. Line a represents the angle of natural frequency of the damper in Hz and the lower
initial stage damping and line b shows the minimal graph shows the geometrical damping factor in m.
achieved damping increase. The solution of 65 g is indicated by the vertical
dashed line.

both the small banded solution and the broad banded solution. It shows that the robustness for
parameter variations is 3.07 times better for the latter. This is an advantage from different
points of view. Although not elaborated upon in this chapter, it will be advantageous in case
of controlling the stage by position controllers. In addition, it is an important finding with
respect to the production tolerances: the behavior of the broad banded damper is less sensitive
with respect to variations in stiffness and damper geometry than the small banded one.

Table 5.5: The results of the robustness analysis of the cases presented in Sections 5.3.3 and 5.3.4.

Robustness analysis Value Unit
Variation of wgyp +10 %
Variation of GDFpyp +10 %

Small banded (1-2 kHz)
Performance decrease 4,53 dB
40,65 %

Broad banded (1-4 kHz)
Performance decrease 1,23 dB
1324 %
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5.4 Damper design & validation

A damper mechanism is designed which contains the following properties:
® amoving mass mg; of 65 g,
® amounting mass m,, of 45.5 g,
e anatural frequency wgyp of 1270 Hz (z-translation direction),
e other natural frequencies as high as possible,
e a geometrical damping factor GDF of 14.33 m,
® an encapsulation to contain the fluid.

Figure 5.15 shows an exploded view of the RMD design. The mechanism part is
monolithically designed and consists of 1) a mounting side, 2) leaf spring pair, and 3) the
damper side. The leaf springs enable a translation of the damping side with respect to the
mounting side. The design of the leaf springs determines the stiffness between those two sides
and therefore the natural frequency. The mounting part is connected to the stage interface by
the RMD mounting bolts. A stage interface is glued to each stage corner. The slot part is
assembled to the mounting side and the fin part is mounted to the damper side. These two
parts contain fins with the fluid in between. A translation of the fin part with respect to the
slot part, which implies a velocity difference, induces a shear rate in the fluid and therefore a
velocity dependent force. The fluid is surrounded by a flexible encapsulation, which prevents
it from running out. The RMD design is modelled with 3D modelling software which enables
to calculate the part volumes and, combined with the material properties, the part masses.

5.4.1 Mechanism design
Figure 5.17 shows the results of a modal analysis of the RMD mounted to the stage. The
damper is modelled as well as an interface part and a stage corner. An assembly is created and
an undamped modal analysis is performed. The first natural frequency is the vertical
translation of 1270 Hz. The leaf springs and their connection to the bulk material are critical

stage interface slot RMD encapsulation (a) Linear volume elements
mounting \
bolts

(b) Quadratic volume elements
/ (c) Quadratic shell elements

,,,,,,,,,

Mechanism (1) (2) ()

,,,,,,,,

Figure 5.15: Exploded view of the RMD design Figure 5.16: Side view of a leaf spring with
with the different parts indicated. the element regions indicated.
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1270 Hz 6015 Hz 7420 Hz 7580 Hz

Figure 5.17: Four lowest natural frequencies and corresponding mode shapes of the RMD
while mounted to a stage corner.

for a correct stiffness estimation. Quadratic shell elements are applied in the leaf springs
because of the bending load. Different elements are used between these shell elements and the
volume elements of the masses. Figure 5.16 shows the element regions. Quadratic shell
elements (c) are applied in the leaf springs. These are modelled at the center line of the leaf
springs. The masses are modelled with linear volume elements (a) as this introduces a
minimum number of equations and nodes. The transition region (b) between the leaf springs
and the rigid masses contributes significantly to the compliance of the leaf springs. Quadratic
volume elements are applied in this transition region to model this correctly.

The element size in area (a) decreases towards area (b) to connect elements with equal sizes.
Connection elements provide the coupling between the shell elements and the volume
elements.

5.4.2 Damping mechanism design
Figure 5.18 shows the LVE fluid damper fin and slot part. The upper part is the fin part and
the lower part is the slot part. The fin part contains six fins with a tapered shape for stiffness
reasons. The fins are of different lengths and contain fluid on both sides. See Table 5.6 for the
dimensions. Dowel pins fixate the position of the fin with respect to the slot part. The position
is locked by mounting bolts. A flexible encapsulation fits in the grooves to contain the fluid.

5.4.3 Undamped characterization

A total amount of 5 dampers is produced and all 5 dampers are characterized: firstly, the
frequency response functions of all dampers are measured without fluid applied. This results
in an undamped frequency response function, which shows the natural frequency of the
damper. Each damper is measured two times: with and without fin mounted. These
measurements are presented in Figure 5.19. The mass difference results in separated natural
frequencies from which the moving mass and stiffness can be derived. After correction for the
actuator coil the damper mass results. Figure 5.21 shows all 10 measurements, 5 with fin and
5 without fin. It shows a natural frequency deviation less than 5 Hz, which is less than 0.4 %.
Table 5.7 lists the resulting parameters.
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Figure 5.18: A side view and a front view of the fin and slot parts. The corresponding dimensions are
presented in Table 5.6.

Table 5.6: Dimensions of the fins as shown in Figure 5.18.

Damper dimensions Value  Unit
Length fin 1 17,1 mm
Length fin 2 15,3 mm
Length fin 3 12,2 mm
Height fins 4,0175 mm
Gap width 50 pm
Geometrical damping factor 14,33 m

5.4.4 Damped characterization

The dampers are characterized with the fluid applied to validate the damping behavior. This
measurement is compared with a prediction based on the LVE fluid model. Figure 5.21 shows
both the measurement and the model predicted behavior. The upper plot shows the magnitude
plot of the measurement and the lower plot shows the error between the fit and the model.
This error plot also shows the fact that the frequency region between 3100 Hz and 8500 Hz is
excluded from comparison, because of the higher order dynamics present in the measurement.
The damper behavior is well estimated up to 2 kHz. The largest magnitude difference is
shown in the figure and amounts 5.54 dB, which equals a factor 1.9. This difference is mainly
due to the fluid model, which overestimates the damping between 2 and 5 kHz. This
overestimation is induced by the measurement setup which is used to characterize the fluid.

The derivation of the fluid model is described in Chapter 4 and it discusses the low sensitivity
of the setup at higher frequencies, which causes this error in the fluid model. In addition, a
part of the frequency region was left out in the fitting procedure, caused by parasitic dynamics
in that frequency range. The difference is elaborated upon in detail in Appendix B — Improved
LVE fluid model.
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Figure 5.19: Measured FRFs of the RMD mechanism with and without fin. This difference in
mass results in the shift in natural frequency.
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Figure 5.20: Detail plot of Figure 5.19 around the resonance frequencies. These measurements show
the very small differences between the behavior of the mechanisms.

5.5 Experimental modal analysis on the motion stage

An experimental modal analysis is executed to validate the performance increase that has
been calculated using the broad banded optimization as presented in Section 5.3.4. Firstly,
undamped measurements are performed. The motion stage is excited by an impulse hammer
to excite the high-frequency stage modes. An accelerometer is used as sensor. Three
measurements are averaged per measurement location to obtain a qualitatively good

Table 5.7: Measured and calculated parameter values. Average values over the 5 RMDs are used due to
the small differences in natural frequencies.

Measured data Value  Unit
Natural frequency with fin 1160,3 Hz
Natural frequency without fin 1478,2 Hz
Mass fin & bolts 28,84 g
Mass coil & screw 10,08

Calculated data
Moving mass 65,05 g
Leaf spring stiffness 4,0E+06 N/m
Natural frequency damper 1247 Hz
Error w.r.t. design target -1,81 %
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Figure 5.21: FRF measurement and model prediction of the RMD with fluid applied.

measurement. The undamped natural frequencies and corresponding mode shapes are
calculated to validate the frequency response functions. Subsequently, the dampers are added

and the frequency response functions are measured again. The assembled stage with dampers
is presented in Figure 5.22.

The accelerometer is added to the stage’s corner to measure the flexible modes that are visible

Figure 5.22: The upper plot shows a photograph of the stage with RMDs added. The lower plot shows

a detail view of an RMD, mounted to a stage corner.
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Figure 5.23: Measured FRF with the suppression factor between 1 and 4 kHz indicated by the two
lines.

at the sensors during machine operation. To be sure that these modes are excited, the actuation
point is at the same corner. This results in a collocated frequency response function. Figure
5.23 presents two of these frequency response functions, with the phase between -180 deg and
0 deg. The cost function is added in the graph, as in Figure 5.12, to facilitate comparison. The
undamped frequency response function is measured with the accelerometer slightly off-
diagonal to show resonances 8 and 12, which are excluded from the damped measurement by
shifting the accelerometer to the stage diagonal. This sensor location clearly shows the
damping of modes 7, 9, 10/11, and 13. The resonances shown in the frequency region slightly
below 3 kHz are not visible in Figure 5.12. Two reasons can be found for this appearance: 1)
in the results of the FEM analysis, these natural frequencies are overestimated. This might be
due to the limited element size in the FEM model which introduces relatively large elements
with respect to local plate thicknesses and feature sizes. An overestimation of the local
stiffness will result and, therefore, an overestimation of the natural frequencies. A more likely
reason is that 2) an asymmetry is present in the measurement due to a shift of the
accelerometer with respect to the stage diagonal or production tolerances and damage that is
present on the hardware which distorts the stage’s symmetry.

Table 5.8: Table with suppression factors corresponding to resonance frequencies indicated in

Figure 5.24.

Mode number Value [dB] Factor [-]
Mode # 7 243 16,4
Mode # 9/10/11 -38,7 86,1
Mode 13 -26,6 214
Mode a -19,7 9,7
Mode b -22,0 12,6
Mode ¢ 21,1 11,4
Region d -14,9 5,6
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Figure 5.24: The measurement plotted on a linear frequency scale. The mode numbers are indicated in the
graph. The undamped FRF is measured with the accelerometer slightly off-diagonal, which shows
resonances 8 and 12. The damped FRF is measured with the accelerometer on the stage diagonal.

Table 5.8 lists the resulting suppression factors, which can be interpreted as estimations for
the increase factors of the modal damping of these modes. The first three rows of Table 5.8 fit
within the frequency range of the cost function. The suppression factor calculated by the
optimization is 23.7 dB, see Section 5.3.4. The first value in Table 5.8 shows -24.3 dB. This
value is larger than predicted. However, if the overestimation of the modal damping in the
initial model of 1.1 dB is taken into account, this value is slightly lower than predicted. For
the other modes within the cost function range, the suppression is higher than predicted. The
prediction showed a higher suppression for mode 9, 10, and 11 than for mode 7 and 13. This
is correct and visible in Figure 5.23. Above the cost function frequency region, three
resonances are listed to show the high-frequency suppression: respectively, regions a, b, and
c. The corresponding suppression values are listed in Table 5.8.

5.5.2 Time domain results

Figure 5.25 shows the time domain results for the undamped case and the damped case as
measured by the accelerometer. Table 5.9 lists the corresponding values. The responses are
normalized at their initial amplitudes and the settling time is defined as the time needed to
decrease the amplitude by 95 %. The settling time ratio amounts 20 times. This shows that the
damped response is decreased 20 times faster to 5 % remaining amplitude than the undamped
response. This value is in the same order of magnitude as the first and third suppression
factors in Table 5.8. It slightly depends on the adjusted settling time percentage. The total
response is a superposition of the responses of all modes.
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Figure 5.25: a) the undamped normalized time response. The line of 5 % amplitude is indicated. The
vertical line represents the time at which the amplitude equals this 5 % of the initial amplitude. b) the
behavior for the damped case with the same settling time criterion.

Table 5.9: Time domain results for the undamped and damped cases.

Name Value Unit
Settling time percentage 5 %
Undamped settling time 0,3540 S
Damped settling time 0,0177 S
Settling time ratio 20,0 -

These modes all contain different modal damping factors. In addition, it includes the low-
frequency suspension modes of the stage. These modes are visible in Figure 5.26, which
shows a detail of Figure 5.25b. This rigid body response contains low-frequencies and low
damping values. Therefore, this response remains over time as the other responses already
have faded. Figure 5.26 shows that the amplitude has decreased to 0.1 % of the initial
response after 0.17 s.

5.6  Concluding remarks

This chapter shows an approach to add damping to a range of resonances of a motion stage by
adding robust mass dampers. Analysis is performed to calculate the damping increase
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Figure 5.26: Detail of the transient response in which the suspension modes are visible with a
frequency around 11.6 Hz.
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beforehand, and experiments are conducted to validate the behavior of both 1) the damper
behavior and 2) the stage with dampers added. The robustness of the dampers, i.e., the
magnitude of the damper’s modal damping value, is induced by resonances that are included
in the frequency range that is set in the optimization. Both specific solutions (TMD) and
broad banded solutions (RMD) can be obtained in this way by adjusting the frequency range.
Analytical results of both solutions are shown. The linear viscoelastic fluid model is included
in the optimization procedure.

The broad banded solution is elaborated in detail, in which a resonance suppression of at least
24.3 dB is realized between 1 and 4 kHz, with an overall mass increase of less than 2 %: 1.15
% as effective moving mass (4 x 65g) and 0.85 % as parasitic mass contributing to the stage
structural mass. The transient time response of the damped stage is 20 times faster compared
to the undamped stage. This corresponds to the increase in modal damping values.

The overall frequency response function of the damped motion stage showed predictable
behavior: the suppression factors correspond well to the calculations. The amount of
suppression between 1 and 4 kHz amounts at least 16.4 times (24.3 dB) and the measurements
showed that the damping, in addition, is present up to at least 6 kHz by a factor 9.7 (19.7 dB).

The robustness, as one of the most important properties of the RMD, see Section 5.3.5 for the
robustness analysis, is proven: the suppression factor is well predictable despite different
errors and estimations:

e Stage model errors: the natural frequencies resulting from the FEM model are an
overestimation of the real frequencies,

¢ The state space model is not corrected for modal truncation,
e  Fluid model errors,
e A simplified 1 DoF model is applied as damper model,

® Production tolerances are not taken into account during analysis. These tolerances
influence both the natural frequency and damping value of the damper design. The
dampers as produced and validated however, show extremely similar behavior.

After comparison of the optimization results with LVE fluids and purely viscous fluids
applied as damping material, it appears that LVE materials enable larger suppression factors
than pure viscous fluids, using the same damper mass, see Section 3.2, Table 5.3 and Table
5.4. This is elaborated upon in more detail in Appendix B — Linear Viscoelastic damping
materials.
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5.7 Closing remarks

5.7.1 Discussion
The damping improvements as shown are very useful in the approach to design stages for
motion control. The damper is designed such that the overall damped system remains as an
LTI system. This enables the application of loop-shaping procedures for the damped stage.

In this chapter, the dampers are added to the stage as separate devices. This enables us to
design a stage and increase the modal damping afterwards by adding RMDs. However, in
existing mechanical designs in general, it might be possible that the most effective locations
to add damping to a mode are not usable because of other devices that are mounted at those
positions. Therefore, the RMD design should be included in an early stage design phase to
have the most effective locations still available. A side effect of including the RMD design in
an early design phase is that the mounting mass, needed to connect the moving mass to the
stage and containing the slot part, can be more integrated in the structural mass of the stage
and thereby the amount of passive mass decreases. In addition, the mass contribution can be
decreased further if existing components are applied as damper masses.

An extension of this thought is ‘design for damping’: Section 2.1.5 showed the maximal
suppression of a certain mode is determined by the squared amplitude of this mode at the
damper location. This indicates that the stage can be designed in such a way that large
amplitudes occur at the damper locations. An example is the build out of the stage’s corners:
this enlarges the amplitude of the corners and therefore increases the effectiveness of the
dampers.

5.7.2 Implications

Tuned mass dampers are well known in literature. The equations are proven to calculate the
optimal suppression factor, natural frequency, and damping ratio. In these equations, the
damper behavior is assumed to be purely viscous. We showed that larger suppression factors
are possible than presented in [25] by using visco-elastic fluids as damping medium.
Although this effect is relatively small for single resonance suppression, because of the small
banded character, it is larger for broad banded resonance suppression. The damper benefits
from the frequency dependent stiffness of the fluid. This is an additional reason, besides the
complex stage dynamics, for the application of optimization algorithms: the damper
properties vary as function of frequency.

The bandwidth of a closed-loop system can be increased by increasing the damping as shown
in this chapter along two ways: 1) a suppression factor of 16.4 indicates that the diameter of
the resonance circle in the Nyquist diagram has decreased by this factor, which creates room
for more gain in the controller. In addition, 2) the robustness increase can lead to
reconsideration of the robustness margins in controller design at specific frequency regions: if
the robustness of the high-frequency modes is increased, the robustness margins can be
adapted at these frequencies, which creates additional room for controller gain.
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The effect of broad-banded resonance damping is shown on the basis of a motion control
specific problem. However, this solution principle might be of value in other fields of
application too. Examples are:

e gpace structures: these typically contain low damping and a broad frequency spectrum
is applied during the launch,

e automotive applications: the excitation frequency depends on the velocity of the
vehicle or on the engines’ rotational velocity,

e tructural engineering: tall structures often show one specific dominating natural
frequency for which many types of TMD’s have been designed. However, other
structures like bridges often show many natural frequencies over a certain frequency
range which are more related to the RMD as presented,

e wafer handler robots: these slender structures show position dependent natural
frequencies, which can be counteracted by the broad banded dampers.

5.7.3 Further research possibilities
Linear viscoelastic fluids can be designed specifically for optimal resonance suppression over
a certain frequency range. The viscosity and elasticity, as function of frequency, should be
adjusted to obtain effective damping materials for a specific damper design. An easy way is
possibly creating a blend of existing fluids with different properties. More complex
procedures can be used to design problem specific fluids. Although this results in improved
performance, the increase in suppression factor is expected to be relatively low.

To increase the bandwidth of a certain motion system maximally, closed-loop analyses should
be performed: not all resonances in a frequency response function are BW limiting. Therefore,
more specific frequency regions have to be determined to be affected by the RMD’s in
combination with controller design. For that purpose, optimization algorithms can be applied
to optimize both the damper and the controller parameters simultaneously.

Another research path to increase the performance further is by topology optimization with
damping included. State-of-the-art experimental optimization algorithms are intended to
optimize the frequency response function of the plant based on the SIMP method. Damping is
not specifically included in these types of optimizations. As a future approach, a number of
RMDs can be optimized simultaneously with the stage design.
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Chapter 6
Closed-Loop Performance Optimization

and Experimental Validation

Abstract — This chapter presents closed-loop performance improvements obtained at a
prototype motion stage design. A motion stage with low modal damping values is adapted by
adding Robust Mass Dampers to enable a higher controller gain. An optimization approach is
presented to determine parameter values for the RMDs in order to maximize the performance
of the closed-loop system. Validation is provided by implementation on an experimental
setup. A low-frequency sensitivity improvement of 9 dB is proven in the vertical direction of
motion for a PID" controller by experimental validation on a 6 DoF multi SISO experimental
motion stage. This corresponds to an increase of the cross-over frequency of 50 %. In
addition, two rotational directions benefit from the added dampers and show a sensitivity
decrease of 3.5 dB. Finally, the torsion mode, which is not visible in the frequency response
function in z-direction, shows a modal damping increase factor of 4.5. These improvements
are established without changing the robustness margins.

This chapter is in preparation for submission.



Chapter 6 — Closed-Loop Performance Optimization

6.1 Introduction
6.1.1 Position controlled stages

Precision motion systems are applied in different industries [27]. One of these is the
semiconductor industry, in which position controlled stages are used in wafer scanners to
position a wafer with respect to an optical column. Patterns of electronic devices or micro-
electro-mechanical systems (MEMS) are projected on the surface of this wafer. Two key
properties in these devices are velocity and accuracy. The first property contributes to the
throughput and the second one to the smallest feature size that can be created with a wafer
scanner. The motion stage in such a scanner is usually position controlled in 6 degrees of
freedom by a motion control system [92]. This system contains two parts:

e a feedforward part, which uses the reference signal, combined with an inverse plant
model to create large forces in order to accelerate the stage,

e afeedback part, which:
o stabilizes the control loop,
o counteracts unexpected disturbances,
o compensates for mismatches in the feedforward model.

Although at least 95 % of the acceleration forces are generated by the feedforward path [17,
59,77,103], the feedback loop is indispensable to counteract all phenomena that are not
included in the models. A measure of the reaction rate of the feedback loop is the bandwidth.
The bandwidth is defined as the open-loop cross-over frequency and gives an indication of the
frequency up to which the open-loop gain is larger than 1 and, therefore, the closed-loop gain
is approximately 1. Up to this frequency, the closed-loop system is able to track a harmonic
setpoint. This bandwidth is, in motion stages, limited by the flexible behavior of the
mechanical stage design. Fundamental performance limitations for two-degree-of-freedom
systems are derived in [38,60] and the limitations of multivariable systems are addressed in
[37,78].

These flexibilities appear at specific frequencies, depending on the mechanical design of the
motion stage and the mechanical properties of the material applied. The higher the natural
frequencies can be designed, the higher the bandwidth that can be reached: this argues for
light and stiff mechanical designs. Another factor that influences the reachable bandwidth is
the modal damping that is present at these resonance frequencies. Low modal damping factors
result in large amplification factors of the steady state vibration amplitudes. Larger modal
damping values limit the resonance’s amplification factor and, therefore, higher bandwidth
values can be obtained. Some solutions from a control point of view are:

e the addition of notch filters to the controller structure, which changes the open-loop
characteristics in a specific frequency range. Although this solution is effective, it is
often non-robust: if the structure’s dynamics changes by for instance temperature
differences, wear and tear, etc. the notch is not placed correctly anymore and the
advantages vanish [81],
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e the placement of additional actuators and sensors. This enables to close additional
control loops and is called over-actuation [39,82]. In these approaches often
decoupling strategies are applied, which enables for SISO controller design [93].

In addition, robust modeling and robust control strategies have been developed to counteract
the drawbacks of the above mentioned solutions [66,98,99,100].

This indicates that a lot of effort is put in controller design for complex mechanical systems,
however, the largest amount of poles and zeros of the system is introduced by the mechanical
design. Therefore, a systematic way of improving the closed-loop behavior by adapting the
open-loop damping characteristics can be very useful.

A way to increase the modal damping of a motion stage is by adding Robust Mass Dampers
(RMDs) at specific stage locations. The RMDs are based on a linear viscoelastic fluid in order
to create damping behavior. The advantages of RMDs on the open-loop characteristics are
elaborated upon in Chapter 5, in which the RMD parameters are determined based on an
open-loop criterion in order to introduce broad banded damping to the flexible behavior.

6.1.2 Performance optimization

In order to address the problem of bandwidth limitation, the closed-loop behavior has to be
investigated. The closed-loop behavior can be described by the plant and the controller.
Therefore, a controller structure has to be defined in order to specify the bandwidth
limitations. For motion control problems, the PID" controller is widely used, which mainly
acts as a parallel spring-damper combination due to the proportional gain and the
differentiator. An integrator is applied to force the steady state error to zero and a low-pass
filter is used to suppress high-frequency noise and suppress high-frequency resonances. The
proportional gain and differentiator are able to stabilize the closed-loop system, due to the
phase lead introduced by the lead filter. In general, not all resonances are limiting the
bandwidth: an example is given by a collocated frequency response function, in which the
bandwidth is not limited at all by the resonances for the controller structure as discussed.
Bandwidth limits arise due to non-collocated resonances at which the phase decreases to -360
deg: a PID*-type controller is not able to compensate for this phase lag and a BW limitation is
included in the system. In practical motion stage designs, actuators and sensors are usually not
installed on the same locations and, therefore, bandwidth limits are present. The bandwidth
itself is a meaningless measure due to the uncorrelated behavior with the disturbance
suppression at low frequencies: a high bandwidth can be obtained by a broad lead filter
frequency range and lower controller gain. However, the corresponding controller gain
contributes importantly to the disturbance suppression factor at low frequencies. Therefore,
the sensitivity at low frequencies is used as performance criterion. This is elaborated on an
iterative basis in Chapter 3.

107



Chapter 6 — Closed-Loop Performance Optimization

6.1.3 Chapter contributions & Content

This chapter shows a performance improvement of a motion stage in z-direction. An
optimization approach is given which enables to calculate this improvement factor
beforehand. In addition, an improvement is presented in the rotational directions and a modal
damping increase is obtained for the torsion mode, which is excluded from the previous
results due to actuator and sensor placement in combination with design of the decoupling
matrices. To prove these improvement factors, experimental validation is presented and a
detailed analysis of the behavior is given.

The problem formulation for a specific stage design and damper configuration is given in
Section 6.2. The optimization procedure, including the dynamic models, is presented in
Section 6.3. An example of the optimization procedure is elaborated in Section 6.4 and
optimization results are shown and compared in Section 6.5. The experimental validation is
presented in Section 6.6: measurement results, both in the frequency domain and time domain
support the theoretical results. Additional advantages of the application of RMDs are
described in Section 6.7. Section 6.8 presents concluding remarks and Section 6.9 presents a
discussion, in which special attention is paid to the optimization approach as used in this
chapter and the other approaches that can be used.

6.2 Experimental motion stage
6.2.1 Stage design

Figure 6.1 shows an experimental motion stage setup. This is a 6 degree of freedom (DoF)
motion system which can travel over small strokes to investigate the dynamical behavior. The
motion stage is shown in Figure 6.1b and shows a relatively large length-height ratio, which
makes it difficult to design high out-of-plane natural frequencies. In total, 8 actuators are
present: 4 in horizontal direction and 4 in vertical direction. The in-plane displacements are
measured by 3 horizontal sensors and the vertical displacements are measured by 4 sensors at
the stage’s corners. The stage’s corners show pockets which enable to mount dampers without
crossing the outer contour of the stage.

(a)

Figure 6.1: a) Photograph of a 6 DoF experimental motion stage setup. b) View of the motion stage’s
CAD model.
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Figure 6.2: Discrete-time SISO frequency response function of the stage in z-direction after decoupling.
Note the phase delay due to the time delay included in the model. The first three resonances that are
visible in this frequency response are presented at the right.

A CAD model of this stage is created. It includes the structural stage parts and the locations of
functional components such as actuators and sensors. A FEM model is created based on the
CAD model and an undamped modal analysis is performed which results in the stage’s
undamped natural frequencies and mode shapes. In this FEM model a combination of volume
elements and shell elements is used, to represent the mechanical behavior in a correct way.
The natural frequencies and mode shapes are used to create a 6 DoF state space model in
modal coordinates [33]. This dynamic model is a multi-input/multi-output state space model
containing 7 outputs and 8 inputs. This model is validated by calculating these frequency
responses by superposition of the responses of the undamped modes in FEM.

Actuator transformation matrix T, and sensor transformation matrix T), are applied as pre- and
post-multiplication matrices for geometrical decoupling. This results in a transfer function
matrix with 6 in- and outputs with the RGB motion directions as dominant behavior on the
matrix diagonal components. This enables to design SISO controllers for the plants as present
on the diagonal components. The gains in the transformation matrices are validated by
calculating the height of the mass lines in the SISO frequency responses for low frequencies.
These lines represent the moving mass of the SISO motion directions.

The control system shows a time delay due to sampling and internal delays. This delay is
estimated from a measurement and is included in the model by transforming the model from
the continuous s-domain to the discrete z-domain. In case of a zero-order-hold discretization,
this introduces a time delay of half the sampling time. The remaining delay time is included in
the model as internal delay.

Figure 6.2 shows the SISO frequency response function of the motion stage in z-direction. In
addition, the first three appearing non-rigid body modes are visualized. The first non-rigid
body mode of a plate-like structure as this stage design is usually the torsion mode, which is
not visible in Figure 6.2. This is due to the four actuators and sensors in z-direction, which
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enable to decouple the torsion mode in a seventh SISO loop and control it with a separate
controller. This specific controller is not applied in this chapter.

6.2.2 Damper design

Figure 6.3a presents a robust mass damper design that can be mounted in the pockets at the
stage’s corners. The damper mechanism is based on monolithically designed flexures which
introduce forces based on relative displacement differences and connect the moving mass
with the base part. The mechanism that creates the velocity dependent damping force is
located between the two flexures. This damping mechanism is based on the shear principle
and contains a high-viscosity linear viscoelastic fluid inside to generate the damping force.
The different functional parts are indicated in Figure 6.3a. Figure 6.3b shows the position as
mounted on the stage’s corner. The behavior of the RMD as shown above can be
characterized by mainly three parameters:

e the moving mass mMgpyp,
e the natural frequency wgzyp,

¢ the modal damping factor {zpp-

moving mass (b)

()

flexure 1

damping mechanism

base part

flexure 2

L | —

Figure 6.3: a) Impression of the robust mass damper design. b) The RMD integration at the stage’s corner.

The flexure stiffness is determined by the geometry of the flexures and the material applied.
The dimensions of the flexures are design parameters, which can be determined as function of
the RMD’s natural frequency wgyp and the moving mass mgzyp. The RMD’s modal damping
(rmp can be estimated by the applied fluid and the geometry of the damping mechanism. This
damping mechanism geometry is expressed in one parameter called geometrical damping
factor (GDF) and is defined as the ratio of the fluid contact area A and the gap width h. The
GDF is a parameter used in the elaboration of the RMD damper components. The relation
between GDF and the other RMD parameters mgyp, Wgpyp» and {gpp i given by:

A 2. . .
GDF =2 = Memp * rRmMD * WRMD 6.1)
h Nzsv
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In this equation, 7,5y, indicates the zero shear viscosity (ZSV) of the fluid. Due to the linear
viscoelastic fluid behavior as function of frequency, only an estimate of the RMD modal
damping can be given, based on low-frequency behavior in which the fluid is determined by
the static viscosity. Chapter 4 provides the fluid characterization procedure and the
corresponding fluid models. A dynamic model of the RMD has been presented, which
includes the fluid model, and is used in the analyses of this chapter, see Figure 4.11. This
damper model contains a moving mass and a mounting mass. The amount of moving mass
determines the amount of resonance suppression that can be obtained at a certain resonance
frequency. The mounting mass however, contributes only to the modal mass of the stage and,
therefore, affects the natural frequencies of the stage, which is detrimental for the
performance. The mounting mass is estimated to be 0.7 times the moving mass. This shows
that an increasing amount of moving mass simultaneously increases the base mass, which is
negative for the results.

6.3 Closed-loop parameter optimization

The parameters of the dampers have to be determined for optimal performance of the closed-
loop system in z-direction. Therefore, a closed-loop optimization criterion is formulated
which includes parameters of both the dampers and the controller. This optimization problem
is formulated as:

mip /G ©2
subject to:

Ilb<x<ub (6.3)

Ax<b (6.4)

Cx)<0 (6.5)

To calculate a correct and usable solution, the resulting parameter values should satisfy the
following requirements:

1) a sensible performance criterion has to be defined,
2) the amount of damper mass should be limited,

3) the RMD natural frequency should exceed the BW of the closed-loop system,
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4) robust damper behavior has to be obtained,
5) useless combinations of controller parameters should be avoided,
6) closed-loop stability has to be enforced,

7) closed-loop robustness margins should be included.

6.3.1  PID" controller

The implementation of the above requirements in the optimization procedure is as follows:
Firstly, as stated in the first requirement, a sensible performance criterion has to be
determined to maximize the performance of the control loop. The absolute value of the
complex sensitivity function, further referred to as sensitivity, at low frequencies is a useful
measure of controller gain and corresponding bandwidth, see Chapter 3. This low-frequency
sensitivity value describes the ability of the control system to counteract low-frequency
position disturbances. In case of a PID" type controller, the sensitivity function shows a +3
slope (+60 dB/dec) for frequencies below the integrator turnover frequency w;. Each point in
the frequency range of the integrator, therefore, can be used as broad-banded measure of the
controller gain at low frequencies. The frequency at which the sensitivity is evaluated for the
cost function J(x) is called w; . This introduces the definition of the cost function:

J(x) = 1Sz (x, wp)l (6.6)

Vector x contains the parameters of the dampers and the turnover frequencies of the PID
controller:

T
xz[mRMD Drmp gRMD‘kp o . O, G, gzp] (67)

The first three parameters mgpyp, Wrmp, and {gyp correspond respectively to the mass,
undamped natural frequency, and the modal damping factor of the RMDs. The remaining 6
parameters describe the controller parameters: the proportional gain, the frequencies of,
respectively, the integrator w;, the zero and pole of the lead filter w4 5, W4 and the second
order low pass filter w;,. The last component ¢, describes the modal damping of the low pass
filter.

The upper and lower parameter bounds define the parameter space and, therefore, the average
order of magnitude of the parameters:

Ib<x<ub (6.8)
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These magnitudes are used for scaling during optimization to improve the convergence rate.
In addition, the lower bounds make that requirement 3 and 4 are satisfied by setting lower
values for the natural frequency and modal damping of the RMDs. The upper bounds limit
requirement 2: the RMD mass.

Linear inequality constraints are applied of the form:

Ax < b (6.9)

which describe linear relations between the components in the parameter vector x. The
following three constraints are applied, in accordance with constraint 5:

wj < wld,Z (610)
Wig,z < Wigp (6.11)
wld,p < wlp (612)

Non-linear inequality constraints are defined as:

Cx)<0 (6.13)

In which C(x) contains the closed-loop stability criterion and the robustness margins of the
closed-loop system, according to constraints 6 and 7. For the stability criterion, the real parts
of the closed-loop poles are included, which should be negative for stability and the
robustness margin is included by limiting the maximum value of the sensitivity S(x, w) to a
maximum value S,,,,. These two statements result in the following equations:

Re{pole(S(x))} <0 (6.14)
max(|SC)|) — Spax <0 (6.15)

6.3.2 Extension with notch filters
To enable further closed-loop performance improvements, the controller can also be extended
with a notch filter to deal with higher order stage dynamics. The same optimization problem
is used. The parameter vector x is extended by four components for a free notch filter:
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T
=" o, 5. @, g, (6.16)

In this definition x is the parameter vector as shown in (6.7) with dampers and PID" controller
included. The frequencies of the zeros and poles are included in wy, , and w, . The damping
factors corresponding to these zeros and poles are described by ¢, , and {; ,,, respectively.

In case of a pure notch filter the frequencies of the zeros and poles are equal w,, = Wy .
This results in the possibility to redefine the parameter vector in the following form:

=¥ @, 6. ] (6.17)

in which parameter wy, ,,, is used for both the zeros and the poles in the notch filter. This
reduces the parameter vector length by one and decreases the number of constraints.
Especially in optimization algorithms, the presence of equality constraints increases the
difficulty of the problem, therefore, this redefinition of the parameter vector is useful in case a
pure notch filter is applied instead of a free notch filter.

If the notch filter frequency parameters are located in the same frequency region as the cost
function w;r, the notch filter can be used to introduce a sharp notch in the sensitivity at
frequency w;r. Although this improves the cost function value substantially, it does not
contribute to the quality of the solution. This unwanted behavior is prevented by adjusting the
lower bounds well for these parameters.

6.4 Practical elaboration of the optimization procedure

This section describes the approach to find the optimal solution. The first three components of
parameter vector x — the RMD parameters — are used to calculate the damped plant model
containing 6 degrees of freedom. Subsequently, the multi SISO plant model is calculated by
the geometrical decoupling procedure and the transfer function in z-direction is selected for
further analysis. The open loop is calculated by multiplication of the plant and the controller.

This optimization formulation has a non-convex character, as many controller optimizations
have, which indicates that many local optima exist within the parameter space. A genetic
algorithm is applied to find the global optimum within the parameter space [48,50,7]. This
algorithm starts with an initial population calculation of n randomly generated parameter
combinations, called individuals, and calculates the cost function for every individual. The
inverse of this cost function is indicated as fitness function. Subsequently, a percentage of
individuals with the worst cost function is deleted. The information contained in the
remaining population is combined to create a new population. The general idea is that this
population will contract to the global minimum by creating a new population by using a
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percentage of the fittest individuals of the current population. Obviously, the initial population
has to be large enough to cover the parameter space with a certain density to find the global
minimum. Although these algorithms are able to search optima for very complex functions,
they are usually very time-consuming. Therefore, it usually does not pay off to iterate
completely to the global minimum: if a point close to the global optimum is found, a gradient
based optimization algorithm can be applied to converge rapidly to the absolute minimum.
This sequential approach is known as hybrid optimization [48]. Optimal convergence values
for the genetic algorithm can be found in literature [36,5]. To increase the efficiency of the
genetic algorithm further, a good initial population should be calculated as starting point. This
implies:

e the population size should match the complexity of the problem,

e the number of generations has to be large enough in order to converge to the global
minimum,

¢ the population has to be evenly distributed over the parameter space,

¢ all individuals have to be feasible (satisfy both linear and nonlinear constraints).
For this specific optimization formulation these points are empirically determined as:

¢ the population size is empirically determined to be 750-2000 individuals,

e a total number of 15 generations leads to a relatively good solution for the genetic
algorithm,

e Jogarithmic scaling of the parameter vector is applied,
e cach initial population member is checked on feasibility.

The main limitation with respect to the population size and number of generations is the
calculation time. A population size of 1000 individuals and 15 generations typically leads to a
qualitatively good solution with a calculation time less than one week. The logarithmic
parameter scaling is an advantage in this case: controller design is typically a problem in
which the improvement factor is much more important than the absolute bandwidth increase.
This scaling means that, for the initial population, each decade in the parameter space
contains the same number of individuals. For low bandwidth systems, it is easier to satisfy the
constraints, therefore, the calculation time for the initial population decreases drastically.
However, the initial population calculation shows that only 2-5 % of the parameter space is
feasible, which shows the difficulty of this specific problem. For gradient based optimization
procedures, parameter scaling has to be applied to improve the convergence rate. This scaling
results in comparable magnitudes for all parameters. This is an advantage in the calculation of
the direction derivative which is calculated to define the direction of the next iteration step.
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Figure 6.4: FRF of the undamped and damped plant in z-direction. The natural frequency of the dampers
is indicated in the figure. Note that the RMD dynamics is not visible at this frequency.

6.5 Optimization results

As shown in the previous sections, a PID" type controller is applied with an optional notch
filter. In addition, the practical implementation enables to exclude the damper parameters
from the optimization: in this case, a controller for the undamped stage is solved. This result
is used to compare the performance increase for the results of the damped stage. Four
different cases are optimized to obtain comparable results in terms of performance:

¢ Plant without dampers, PID* controller,
e Plant with dampers, PID* controller,
¢ Plant without dampers, PID* controller with notch filter,
¢ Plant with dampers, PID" controller with notch filter.

The first case results in a bandwidth of around 52 Hz. This value is used to set the upper and
lower bounds for the RMD parameter values:

e the RMD mass mgyp upper bound is set to 50 g,
e the RMD natural frequency wgpp lower bound is set to 250 Hz,
e the RMD modal damping {zp lower bound is set to 0.75.

These settings make that 1) the mass increase of the stage is limited, 2) the RMD is rigidly
connected at the bandwidth frequency, which prevents energy dissipation in the dampers at
this frequency, and 3) forces a robust damper solution instead of a very frequency specific
notch behavior. The results of the optimization procedures are listed in Table 6.1. The plants
corresponding to the first 2 solutions, with the PID" controllers, are presented in Figure 6.4.
This graph shows that the damping increase is mainly focused on the first resonance, which
indicates that, in the undamped case, the bandwidth is mainly limited by the first resonance. A
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Table 6.1: Optimization results listed for four different optimization cases.

Closed-loop performance table
Plant meyp [Kg]  opyp [Hz]  Grup -]~ Spp[dB] ~ BW([Hz]  # DoF
Controller: PID* Undamped - - - -138,8 52,3 6
Damped 0,03 250 2,0 -151,2 78,3 9
Controller: PID* & notch Undamped - - - -150,6 81,7 10
Damped 0,04 250 2.5 -159,5 107,4 13

few observations can be made regarding the solution as presented in the second row of Table
6.1 — PID" controller with damped plant:

Although the algorithm had the freedom to place the RMD’s natural frequency wgpp around
740 Hz, at the resonance frequency, this parameter value is determined to be 250 Hz. This
frequency wgyp 1s indicated in the figure. This is the result of the lower bound of the RMD’s
modal damping value {rpp, Which forces a robust solution. Within this robust parameter
space this is the best solution in terms of performance increase. Note that this solution

principle with a relatively low natural frequency and high modal damping, although for a
simplified stage model and ideal dampers, is in accordance with the broad-banded damping

results as presented in Chapter 2.

The resulting damper mass from the optimization amounts 30 g. This is substantially lower
than the upper bound of 50 g which is applied during optimization. This indicates that
increasing the damper mass too much, can result in decreasing natural frequencies and
therefore a performance decrease. The algorithm deals with the tradeoff between the mass
amounts of the detrimental mounting mass and the effective moving mass.

The behavior of the closed loop is visualized to validate if the complete set of constraints is
satisfied. Figure 6.5a shows the Nyquist diagram of solutions 1 and 2 of Table 6.1. This figure
shows that the modulus margin constraint is satisfied. Figure 6.5b shows the step responses
and shows the faster response of the damped stage with respect to the undamped stage. In
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Figure 6.5: a) Nyquist diagram of the open-loops. b) Step responses for both solutions.
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Figure 6.6: a) Sensitivity diagrams of the solutions with and without dampers. In the optimization
without dampers, only the controller is optimized. In the case with dampers the dampers and the
controller are optimized simultaneously. b) Process sensitivity diagrams of both solutions.

addition, stability is visualized by these responses.

Figure 6.6a presents the sensitivity plots of both systems as function of the frequency. This
figure shows that the low-frequency suppression factor has increased for the damped system.
This indicates that a higher controller gain is implemented. The right plot shows the process
sensitivity, which is also better at low frequencies for the damped case.

6.6 Experimental validation in closed loop

The RMD parameters resulting from the second optimization, as listed in Table 6.1, are used
to elaborate the mechanical design and provide experimental validation. This case is chosen
because it shows the principle well. Upon the time the dampers were produced the stage was
not ready to measure and, therefore, the correctness of the resonance frequencies was difficult
to estimate. This uncertainty led to the decision to exclude the solution with the notch filter.
Figure 6.7 presents a photograph of the RMDs, which are based on the parameter values as
described in Table 6.1, solution 2 — Controller PID" / Damped stage model.

6.6.1 Damper identification

Figure 6.8 presents the measured frequency response of the RMD with fluid applied. This
measurement clearly shows a stiffness dominant part, indicated by the horizontal line and a

Figure 6.7: Photograph of the damper hardware after realization.
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Figure 6.8: Frequency response functions of the damper. The solid line presents the measurements
and the dashed line represents the model estimate.

damping dominant frequency range, with a negative slope up to 1000 Hz. Above this
frequency the damper behavior is determined by a mass dominant line. The characteristics of
the measured behavior match the model quite well.

This RMD is designed to influence the performance limiting resonance around 800 Hz. The
measurement above shows that the damping force is mainly present between 50 and 1000 Hz.
In this frequency range, the fluid is largely determined by the viscous behavior and, therefore,
the linear viscoelastic behavior is less important than in the broad banded approach shown in
Chapter 5, in which damping was added up to 4000 Hz.

The undamped motion stage and the damped one are identified in a closed-loop setting. The
sensitivity and process sensitivity are measured and the plant behavior is calculated [71].
Figure 6.9 shows the resulting Bode diagrams of the undamped and damped plant. The
damping increase at the umbrella mode, the first natural frequency visible in Figure 6.9,
amounts approximately 15 times. The dynamics of the RMD is, due to the high damping
values, not visible in the frequency response function despite the low natural frequency of 250
Hz.

6.6.2 Performance in z-direction

The increased modal damping values enable to apply controllers with higher gains. Due to
small differences between the plant model and the measurement, the model based controllers
as listed in Table 6.1, are slightly adjusted, based on the measurements shown in Figure 6.9.
This results in performance values as listed in Table 6.2. Figure 6.10a shows the open loop of
the system with and without dampers, these graphs correspond to the upper two rows in Table
6.2. Figure 6.10b shows the Nyquist diagram of both systems. The increased damping on the
first resonance is clearly visible in Figure 6.9 as well as in Figure 6.10a as reduced
amplification factor and in Figure 6.10b as circle with a decreased circle diameter.
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Table 6.2: Characteristic values for different closed-loop systems

Plant S,r[dB]  BW[Hz] wp[Hz]
Controller: PID* Undamped -140,3 50,1 275
Damped -149,2 75,4 400
Controller: PID* & notch Undamped -150,1 77,8 600
Damped -153.6 102,7 600

Figure 6.10a shows the following advantages for the damped stage:

a bandwidth increase due to the larger proportional controller gain is visible in the
amplitude difference between the two lines around the cross-over frequency. This
proves the improved low-frequency sensitivity against position disturbances,

the turnover frequency of the low-pass filter can be placed at higher frequencies for
the damped stage. This phenomenon is well visible in the phase plot, which shows a
larger phase lead for the damped case at frequencies above the bandwidth. The
frequencies corresponding to the low pass filter w;p are listed in the last column of
Table 6.2,

although the controller gain is larger in case of the damped plant, the diameter of the
resonance is smaller in the Nyquist diagram, which clearly indicates the advantage
with respect to robustness of the damped stage,

the damping increase shows a decrease of the amplification factor and a broadening of
the resonance peak. As a result, the damped resonance contains more frequency points
than the undamped resonance. The result is clearly visible in Figure 6.10b in which a
more accurate circle is described in case of the damped resonance.

The performances for the closed loops after controller implementation are comparable with
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Figure 6.9: Measurements of the undamped and damped stage in z-direction.
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Figure 6.10: a) Measurements of the open-loop of the undamped and damped stage in z-direction. b)
Nyquist diagram of both open-loops, which shows the stability margin of 6 dB and the first resonance
frequency.

the ones resulting from the optimization procedure. See Table 6.1 and Table 6.2 for
comparison. The differences in bandwidth and low-frequency sensitivity values between
optimization and experiments are negligible.

Figure 6.11 shows graphs of the sensitivity and process sensitivity as function of the
frequency. The sensitivity shows that the modulus margin of 6 dB is not violated. It in
addition shows that the resonance at 740 Hz limits the controller gain: more gain results in
exceeding the modulus margin of 6 dB at this frequency.

In addition, the process sensitivity shows an advantage of the principle to add damping to the
stage. This advantage is due to the suppressed resonance amplifications in the plant. The
process sensitivity is determined as the product of the sensitivity and the plant. Usually, as
described in the analysis part of this chapter and Chapter 2, the low-frequency sensitivity is
used as criterion for performance. Simultaneously, the modulus margin has to be satisfied to
guarantee robustness. The low-frequency sensitivity, and therefore the bandwidth, can often
easily be improved by adding a notch filter to the controller. To show the advantage of plant
damping two principally different notch applications are explained briefly:
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Figure 6.11: a) Measured sensitivity functions of the damped and the undamped stage. b) Process
sensitivities for both cases.
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Figure 6.12: a) Open-loop Bode diagrams of the rotational direction (¢) of the undamped and damped

stage with PID" controllers applied. b) Nyquist diagrams of both open-loops.

resonance amplitude suppression. The frequencies of the poles and zeros are equal
(pure notch). The result is an uncontrollable resonance due to a very low controller
gain at the resonance’s frequency: the sensitivity value at the resonance frequency
decreases. Therefore, a higher proportional gain is applicable. However, the low-
damped resonance still appears in the plant and therefore in the process sensitivity.
This indicates that force disturbances at the resonance frequencies are effectively
transmitted to the output,

resonance phase rotation. This means that the pole and zero frequencies are not equal,
which creates phase lead or lag in between the pole and zero frequencies. This
application of a notch filter is known as skewed notch. If the additional phase is
created at a resonance frequency, the resonance’s circle is rotated in the Nyquist
diagram and the closed-loop damping of the resonance is increased. Therefore, the
resonances in the process sensitivity show substantially higher damping than the plant
resonances. This introduced damping is due to the influenced sensitivity. Although
this increased closed-loop damping is very useful, this way of applying notches is less
robust against phase shifts and therefore not widely used in industry.

The advantages of both above solutions are combined in case of increasing the damping in the
plant: pure notches can be applied on the resonances that limit the controller gain. The result
of having uncontrollable resonances is compensated by the damping increase that has been
realized in the plant instead of the controller.

Summarizing:
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The process sensitivity reduction at resonances — closed-loop damping — is obtained
by adapting the plant behavior.
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Table 6.3: Characteristic values for the closed-loop performance in rotational directions ¢ and .

Plant SweldB]  BW[Hz] @pp[Hz]
Controller: PID+ Undamped -144.9 61,1 375
Damped -153,0 84,5 625

6.6.3 Performance in rotational directions

In addition to the behavior in the decoupled z-direction, the dampers influence the plant
behavior in the rotational directions around the x- and y-axes. These directions are indicated
by ¢ and 1, respectively. Although the performance in these directions is not included in the
optimization section, it is elaborated to show the advantages in these directions too. Figure
6.12 shows the Bode diagram of the open loop and the Nyquist diagram for both systems.
Table 6.3 lists the results of the closed-loop performances in rotational directions for a PID*
controller. Note that the damping results in a higher frequency of the low pass filter, this
effect already has been observed in the translational directions. This phenomenon is clearly
visible in Figure 6.12a, in which the gain difference at 1000 Hz is much larger than at the
bandwidth frequency around 75 Hz.

6.7 Advantageous side-effects of the RMDs

As shown, the dampers are designed to maximize the performance increase in the
translational z-direction. In addition, the rotational directions benefit almost as much as the
translational direction. As stated in Section 6.2, the torsion mode is not visible in the
frequency response in z-direction due to the four actuators and sensors in this direction.
However, a disturbance force acting on the stage close to the corners will excite this mode and
the spatial performance of the stage will deteriorate. This behavior is not visible in the control
loops in the rigid body motion directions and, therefore, it cannot be counteracted. The RMDs
however, due to their mounting positions on the stage’s corners, are able to add damping to
this mode. This implies that if the torsion mode is excited, the amplitude will decrease very
rapidly. This phenomenon is measured in the experimental setup for both the stage without
dampers and with dampers added. A short pulse is applied to one of the actuators in z-
direction which excites the torsion mode. The displacements at the corners in z-direction are
measured to obtain a response over time and estimate the damping improvement. Figure 6.13
shows the measured time responses for the undamped and damped stage on the left side and
shows the corresponding power spectra of the signals on the right.

In the left figures, the times are indicated in which the amplitude has decreased to 15 % of the
initial amplitude. The response in case of the damped stage shows a 4.75 times faster
amplitude decrease than in case of the undamped stage. The right figures show the frequency
content and show the damping increase by a lower peak value around 400 Hz. This peak
corresponds to the torsion mode. In addition, a frequency decrease is visible due to the mass
increase of the torsion mode. Looking at higher frequencies, less sharp peaks appear, which
indicates that a number of higher order modes have obtained a damping increase as well.
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Figure 6.13: Impulse responses are shown in the left figures for both the undamped and damped motion
stage. The settling time based on a 15 % remaining amplitude is indicated in the figures. The right
figures show the power spectral densities of the responses in the left figures.

6.8 Concluding remarks

In this chapter closed-loop performance optimization is presented for full complexity motion
stage designs. A sensitivity based performance criterion is defined as well as constraints for
stability and robustness to solve the optimal parameters of the dampers and the controller
simultaneously. A non-convex optimization algorithm, combined with a gradient based
optimization algorithm is applied to solve this non-convex optimization problem in a limited
amount of time.

This general problem formulation is applied to a motion stage design with 6 degrees of
freedom to maximize the performance of the translational z-direction due to the modes that
appear in this direction at relatively low frequencies. The practical design is fully elaborated
and experimental validation is provided. In addition to the translational direction, two
rotational directions benefit from the added damping and the performance increase in these
directions is shown. As a third advantage, the damping increase of the torsion mode is shown.
This mode is decoupled from the FRF in z-direction by a fourth actuator and sensor.

The optimization procedure shows:
¢ the hybrid optimization works well and provides useful design parameters,

e the closed-loop performance of complex stage designs can be optimized with the
controllers included,

e the amount of performance improvement in z-direction is well estimated and amounts
50 % for a PID* controller in terms of bandwidth,
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e the amount of performance improvement in case of a PID" controller extended with a
notch filter amounts 31 % in terms of bandwidth.

The results obtained by the experimental validation are:

e the sensitivity improvement in z-direction is 9 dB for low frequencies. This value
corresponds to a bandwidth increase of 50 %,

e the sensitivity improvement in the rotational directions (¢ and 1) is 3.5 dB. This value
corresponds to a bandwidth increase of 32 %,

¢ the modal damping of the torsion mode is increased by over a factor 4.5,

¢ the total mass increase amounts 1.8 % for the 4 added complete RMDs, including the
moving damper mass, the base mass and the damping unit.

6.9 Discussion

The successive modelling steps in FEM and state space combine the advantages of both
modelling techniques: the FEM model allows for high complexity and efficient calculation of
the corresponding undamped mode shapes. A modal state space model, although much
smaller, contains the dynamic behavior without loss of information. The non-proportional
damping introduction by local RMD mechanisms allows for dynamic couplings between the
low-damped stage model and the heavily damped RMD models.

The hybrid optimization algorithm as applied proved to work well and provides design
parameters for the RMDs which are used to design the dampers and validate the theory. The
RMD’s modal damping {zpp and natural frequency wgyp are used in the parameter vector.
Robust damper behavior is enforced by setting a lower bound for the modal damping
parameter {zpp. The lower bound for the natural frequency wgpp 1s set to 250 Hz in order to
create rigidity at the bandwidth frequency. This lower bound estimate is based on the obtained
bandwidth frequency in case of the undamped system. This approach contains a few
drawbacks:

* it may lead to a GDF that is difficult to realize in case of a relatively high RMD
natural frequency wgyp and a large modal damping factor {gpp. This might result in a
large GDF and, therefore, the RMD might not fit within the available space,

¢ the RMD’s natural frequency lower bound is fixed. This implies, at least theoretically,
that the bandwidth frequency is able to exceed wgyp.

A more elegant approach is to create a dependency between the lower bound of the RMD’s
natural frequency and the bandwidth of the system. In addition, a maximal value for the GDF
can be defined and implemented in the optimization criterion. These limits can be
implemented in the algorithm by adding constraints. In addition, for practical cases, more
criteria can be added. An example is a constraint on the process sensitivity in a certain
frequency range in case of known force disturbances in this frequency range.
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After optimization of the dampers and the PID" controller, an optimal damper mass of 30 g
was presented in Section 6.5, Table 6.1, although the upper bound was set to 50 g. This result
is different than the results of Chapter 5, which stated that a larger damper mass is able to
provide a larger suppression factor. This statement also holds for the system as presented in
this chapter and is useful, however, an increasing RMD mass decreases the natural frequency
of the resonance, which is detrimental for the performance. This shows the tradeoff between
RMD mass contribution and the resonance suppression. This tradeoff basically proofs that an
open-loop criterion will not be able to maximize the performance of the closed-loop system.
Therefore, corresponding to the approaches in Chapter 5, it is useless to include the damper
mass as a design parameter in the open-loop optimization, in contradiction to the closed-loop
criterion in which the amount of mass is less trivial.

In the experimental setup, the first resonance (torsion mode) is decoupled from the rigid body
loops and is therefore not visible in these rigid body loops. Therefore, if a control loop is
closed for this decoupled mode, it’s closed-loop damping can be increased by a controller
which mainly consists of a differentiator.

The experimental case as elaborated shows that the dampers mainly suppress the first
resonance in the frequency response function in z-direction and thereby enable an increased
controller gain. The resulting improvements show the maximum amount of performance
increase with a simple fixed structure controller (PID").

The solution of the optimization to suppress the first resonance is due to the 1) strong
presence of this resonance in the frequency response function and 2) the limited controller
complexity (PID"). Adding a notch filter in the optimization algorithm enables to suppress
resonances in the open loop and generates more freedom for the algorithm to suppress the first
resonance in the controller by means of the notch filter and applies the RMDs to suppress
resonances at higher frequencies. In the optimizations as presented, the notch filter increases
the bandwidth and creates more broadband damping, see Table 6.1. The modal damping
increase with respect to the PID* controller case shows this broad banded effect.

Different techniques exist to improve the performance of high-tech motion systems, as
discussed above. The possibility to add RMDs is an additional technique to improve the
closed-loop performance further. In general, seen from a control point of view, it is possible
to divide the NRB resonances in different categories, which usually have their own frequency
range:

e decoupled modes, which have their own control loop and can be influenced by a
controller. These modes are usually the most low-frequency NRB modes of the
system. These modes can respectively be:

o damped by a differentiator without creating a bandwidth frequency,
o stiffened by creating a bandwidth frequency by means of a proportional gain,

¢ non-decoupled notchable modes, which can be affected by a notch filter. These modes
can be influenced by different notch filters:
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o pure notches which suppress the modes and make them uncontrollable,
o skewed notches which introduce closed-loop damping,

® non-decoupled and non-notchable modes. These modes are usually located at
relatively high frequencies and are usually suppressed by a low-pass filter. These
modes can be adapted by the RMDs.

In addition, the modes as described above often benefit from the damping increase. The
approach as described above mainly focusses at increase of the bandwidths of control loops.

In these control loops often not all modes are visible. This implies that the invisible modes
can be excited by disturbance forces without being counteracted by a controller. Another
approach with respect to RMD design, therefore, is to damp the resonances that are
unobservable and/or uncontrollable by the motion control system and improve the spatial
transient behavior over the motion stage’s surface in this way. This approach will not result in
bandwidth increases if these modes are not visible in the open loops, however, it will improve
the performance.
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Chapter 7
Conclusions and Recommendations

Abstract: The performance of motion stages has been improved by adding dampers to the
stage at specific locations. The hardware is modelled, performance limits are indicated and
performance increases have been investigated in a systematic way. This chapter summarizes
the conclusions with respect to the results, grouped by different topics. Subsequently, the
scope is widened and other applications are suggested that might benefit from the application
of robust mass dampers. Finally, recommendations for further research are provided.



Chapter 7 — Conclusions and Recommendations

7.1 Concluding remarks

In this thesis, the opportunities to increase the performance of high-tech motion systems are
investigated by increasing the modal damping of non-rigid body resonances by introducing
robust mass dampers (RMD), which provides damping over a broad frequency band. A
combination of techniques is applied to improve the performance of motion stages in a
systematical way, including mechanical design, dynamic modeling, material characterization
and optimization procedures. Theoretical improvement factors are calculated and
experimental validation is provided to support the theory.

The main conclusions of the previous chapters are summarized and listed by subject.

Robust Mass Dampers (Chapter 2, 5, 6)

Robust mass dampers have proven to be able to provide broad banded damping. In addition,
robust behavior is proven in case of parameter variations of both the motion stage and/or the
parameters of the RMDs. This property explicitly underlines the suitability of RMDs to
improve the behavior of motion stages that are operated in closed-loop conditions: parameter
sensitive designs will result in a performance decrease and might eventually lead to
destabilization of the closed-loop system.

The RMDs in this thesis are passive and stand-alone devices. Advantages of these types of
devices are (1) the stabilizing behavior due to the principle of energy dissipation. (2) The
stand-alone property implies that no connection between any structural part and the motion
stage is created, and no signal or power cables are needed which prevents the introduction of
disturbance forces. (3) The damper design by application of LVE behavior enables larger
suppression factors than purely viscous fluid behavior, see Chapter 5 and Appendix C.

At least in case of motion stages with a relatively large length-height ratio it appears that an
overall mass contribution by the RMDs of 2 % of the stage mass is sufficient to improve the
stage performance in z-direction significantly. This is proven by experiments and is described
in Chapter 5 and Chapter 6.

Influence on stage dynamics (Chapter 2, 3, 5, 6)

The relatively high modal damping of the RMDs prevents for visible effects in the rigid body
mass line of the frequency response functions. In other directions, the natural frequencies of
the RMDs can be designed above 6 kHz for dampers of 65 g. This is usually high enough to
prevent for detrimental properties in the directions of motion.

RMD locations (Chapter 5)

The location of an RMD on the mechanical stage is a significant factor in the performance
increase factor. The effectiveness of the RMD to improve the modal damping factor scales
quadratically with the stage displacement at the damper location. Therefore, if the limiting
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natural frequencies are determined, the locations with large displacements for the
corresponding mode shapes have to be found. In case of more than one resonance this might
be a weighted criterion for the different modes. This approach is applicable for both open-
loop and closed-loop performance criteria.

The fluid model (Chapter 4)

A linear viscoelastic fluid model is derived from measurements and applied in the
optimization formulations of respectively Chapter 5 and Chapter 6. The results of these two
chapters show that the model quality is good enough to predict the system’s damped behavior
quite accurately. Suggestions for an improved measurement setup are provided (Chapter 4),
and an improved fluid model for Rocol Kilopoise 0868 is presented in Appendix B.

Open-loop modal damping improvement (Chapter 2, 5)

The principle of broad banded damping is well applicable for practical cases: in the
elaboration of Chapter 5 the intended damping range was 1-4 kHz. In addition, a damping
increase is visible up to 6 kHz. This frequency range abundantly covers the range in which
performance limiting flexibilities usually arise in motion stage designs. An optimization
criterion in terms of resonance suppression is applied and works well: this criterion inherently
only optimizes the visible resonances at the actuator and sensor location. The choice which
resonances should be suppressed, therefore, is specified in the cost function by the frequency
response function. Robustness of the solution and broad banded effect in practical cases is
proven by the experimental validation. The calculated suppression factor compares well to the
measured ones. The suppression factor amounts approximately 24 dB between 1 and 4 kHz,
which indicates a modal damping increase factor of 16.

Iterative optimization approach (Chapter 3)

This iterative approach as presented does not guarantee a globally optimal solution in terms of
damper parameters. However, it is often useful to — at least once — execute this approach for a
number of reasons:

® it creates insight in the bandwidth limiting dynamics of the open loop,

e the first iteration step provides, at least roughly, an estimate of the obtainable
improvement factor: the largest progression is usually obtained in the first step,

e it is relatively easy to execute the iterations: only a loop has to be created which
calculates the high-frequency sensitivity values instead of creating a closed-loop
optimization criterion with constraints included,

e convergence is guaranteed during this approach. The worst solution possible for a
single iteration step is that the improvement factor is zero: the optimization saturates.
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Closed-loop performance increase (Chapter 3, 6)

The principle of closed-loop performance increase is formulated in an optimization
formulation which accurately estimates the bandwidth improvement factor. The optimization
formulation is non-convex, however, a hybrid optimization procedure is able to solve this
specific problem in a limited amount of time. In addition to the improvements in the intended
control loops, other control loops often benefit from the damping increase.

Spatial improvements (Chapter 5, 6)

In Chapter 6, the goal was to improve the controller gain of the control loop in z-direction.
The torsion mode was excluded from this loop by geometrical decoupling. The experimental
results showed that this mode’s damping, as a side effect, was increased substantially.

Advantages in analysis

A more general observation regarding the analyses method is presented. The approach with
separate RMDs is an efficient approach which contains two large advantages:

It enables to continue with the current applied mechanical design approach for high natural
frequencies and increase the modal damping afterwards. This enables to still apply the
materials with high specific stiffness and low damping.

In the analysis phase the advantages are enormous. 1) Undamped natural frequencies and
mode shapes can be calculated and are valid for the low damped stage’s mechanical design.
These algorithms are very efficient and large models can be solved. 2) State space models can
be created which contain the complexity of the FEM model and can be validated by
calculating the responses by means of superposition of the undamped modes in the FEM
software. 3) RMDs can be added at specific locations. This results in non-proportional
damping and complex mode shapes, which are correctly calculated by the state space model.
4) This enables to apply optimization algorithms and compare different RMDs very quickly.

The complete model including dampers can be solved in FEM, however, this approach
contains serious drawbacks. 1) The mode shapes change from real normal modes to complex
modes due to the damping at specific locations. This implies that complex solvers have to be
applied. These solvers are much more time consuming than the solvers for real natural modes.
2) The frequency response functions can be calculated using fully harmonic solvers. This
results in the most accurate solution because the model is not truncated as in case of a state
space model with a limited number of modes. However, this algorithm solves the complete
model for every frequency point in the frequency response function and, therefore, this
approach is extremely time-consuming. 3) Therefore, in this approach the ability to
implement different RMD parameters and execute optimization algorithms practically
vanishes due to the limitations listed above.
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7.2 Possible RMD applications

Motion stages as discussed in this thesis usually show well defined natural frequencies with
relatively low variations in frequency and modal damping. Small differences (over lifetime)
might be visible due to wear and tear and small temperature variations. The resulting small
differences in dynamic behavior can easily be caught in the robustness and broad banded
effect of the RMDs.

More applications could benefit from the characteristics of the robust mass damper, in which
a tuned mass damper is not applicable due to the frequency specific behavior or instead of a
TMD in order to broaden the damping range. Suggestions for future application fields in
which RMDs might be able to improve the behavior are:

e other precision motion systems,

e coordinate measuring machines with very fast and accurate motions. These machines
are often comparable with the motion systems presented in this thesis in terms of low
damping and force to position control,

e printers, these devices operate at different speeds,
e production equipment,

o production machines such as milling machines, these machines operate with
varying spindle overlengths which results in different natural frequencies. In
addition, the disturbance forces are very large due to the milling process,

o robots for assembly and production. Variations in natural frequencies arise in these
machines due to different positions,

o flat-bed laser cutting machines. These machines with a horizontal H-bridge
structure show position dependent natural frequencies. In addition, temperature
variations arise due to varying process output powers.

e structural engineering: slim and tall structures (skyscrapers, windmills) usually show
one or two dominating natural frequencies and tuned mass dampers are common in
this field to reduce corresponding amplitudes. An RMD can be applied in more
dynamically complex structures that show ranges of resonances. Examples are
bridges, mobile cranes, lattice structures, off-shore platforms, etc,

e aviation and space engineering,

o in airplanes usually a broad vibration spectrum is present due to the engines,
aerodynamics and vibrations from other aircraft systems,

o space applications, (e.g. satellites etc.) are subject to large disturbance forces with
a broad frequency content during take-off.
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7.3 Recommendations
7.3.1 In general

Based on the different analyses and experiments as showed in this thesis, the following
recommendations for future development can be given.

The analyses and experiments as conducted showed the advantages of RMDs on motion
stages. However, the RMDs as presented are not able to increase the modal damping of all
non-rigid body modes. Only the modes with translational movements at the damper locations
can be influenced. The following recommendations can be stated to improve the stage
behavior further:

Design of different RMDs for one motion stage in order to obtain different goals. For
instance: 1) 4 RMDs to improve the bandwidth as shown in this thesis and 2) an additional
number of RMDs to increase the damping of the remaining modes and thereby improve the
spatial and transient behavior. These RMDs might be mounted at different locations and
might have different moving masses, natural frequencies and modal damping. This enables to
search for the optimal damper location to maximize the performance for both goals. A
drawback is the mass increase of the motion stage.

Develop RMDs with more degrees of freedom. Appendix E shows an example of a damper
with two degrees of freedom, a translational and a rotational one. Advantages are the
increased efficiency due to benefits of the moving mass in more degrees of freedom. A
drawback of the increasing number of degrees of freedom is the difficulty to design high
natural frequencies in other directions.

The RMDs should be integrated in the stage design. This 1) reduces the mass contribution on
the damper mounting side. In addition, 2) it may provide a more stiff connection between
stage and RMD and therefore may result in higher natural frequencies. 3) RMD
implementation in an early stage in the design process of the motion stage is necessary to
have full freedom with respect to damper placement. The motivation for this recommendation
is the dependency of the suppression on the displacements of the modes: if stage locations
with large displacements are already used for other devices the dampers may become less
effective.

A ‘Design for Damping’ strategy can be applied in order to improve the performance further.
As stated above, stage locations with large displacements have to be found to mount the
dampers to. This observation might lead to adaptation of the mechanical design in order to
increase the damper efficiency. If stage features are built out (further), the resonance
amplitudes can increase and therefore the ability to add damping to the modes.

Robust encapsulations should be created to prevent the RMDs from fluid loss. In addition to
the loss of damping properties in case of a fluid run-out it will lead to tough contamination
inside machines.
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7.3.2 From control point of view

The robustness properties of stages with RMDs should be investigated in detail and the
implications for control theory should be elaborated. In case of a more robust plant behavior,
the following results can be obtained: 1) Notch filters can be placed at resonances with higher
frequencies. The improved plant robustness will cause less amplitude mismatch in case of
parameter variations. 2) The modulus margin is a robustness margin and is set to a certain
value to guarantee robustness of the closed-loop system. In case of increased plant robustness
at high frequencies, the modulus margin value can be increased in the controller design phase.
This enables, in addition to the improvements due to the resonance suppression, to increase
the controller gain further. This effect is not elaborated upon in this thesis and therefore the
extent to which this phenomenon can be utilized is a useful topic for further investigation.

7.3.3 Damping materials
A linear viscoelastic fluid is applied in this thesis. Chapter 5 and Appendix C showed that the
suppression factor depends on the mass ratio and the applied LVE material. This implies that
better results can be obtained if fluids with better LVE characteristics are applied. Specific
LVE fluid properties for specific frequency ranges can be selected. In order to obtain better
fluids, possibly blending of existing fluids might be a good starting point.

A lower zero shear viscosity often leads to more purely viscous properties, with the LVE
behavior at higher frequencies. These fluids might be used at high frequency ranges.
However, the lower zero shear viscosity has to be compensated by the geometrical damping
factor. In case of smaller gap widths, this leads to an increased sensitivity of the damping
value with respect to production tolerances. The limits of the production techniques and
tolerances during assembly have to be explored to improve the behavior further.
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Appendix A Modal damping models

Many models exist to describe linear damping in a dynamic model. Material damping is often
better described by a structural damping model than by a viscous damping model. The viscous
model creates a damping force with the amplitude proportional and the phase opposite to the
velocity. Equation Al shows the modal-3 form A-matrix for mode i of a dynamic system with
modal damping ¢ included.

0 1 ] (AD)

T l-wf 28,

The structural model introduces a force with the amplitude proportional to the displacement
and the phase opposite to the velocity. Equation A2 shows the A-matrix for mode i of a
dynamic system with the loss factor 7 included.

The stiffness and damping are both proportional to the displacement given their placement in
the first column. The stiffness component is in phase with the displacement and the damping
part is in phase with the velocity, due to the 90 deg shift induced by the complex unit j.

0 1

Ami = |—w2@+nj) 0

(A2)

For simplicity, however, the viscous damping model is often used to describe material
damping. This approximation is valid because of the low damping present in stage designs
and the low number of modes that have to be described. The state space models as presented
in this thesis contain viscous damping with equal modal damping factors for all NRB modes.
However, it is observed that the modal damping model should be adjusted to describe the
dynamic behavior well for large frequency ranges. The measurements in Chapter 4 are
investigated further to fit a better transfer function. Figure Ala shows the measurement and
the fitted transfer function. As known from literature [3], proportional damping as well as
constant modal damping are two linear damping models and are applied frequently in
dynamic models. The proportional damping model for mode i at frequency w; is shown in
(A3).

1/aq

G =5 (2 + ap) (A3)

4

It contains a decreasing part and increasing part as function of frequency: a constant part is
not present. The disadvantage of the proportional damping model is easy to see: if @; and a,
are both non-zero and positive numbers, the modal damping increases for high frequencies
due to a,. If a, is set to zero, the modal damping disappears for high frequencies. The two
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Figure Ala: A measurement and transfer function fit are shown in the left figure.
Figure Alb: The modal damping as function of the frequency. The factor describes the constant part of
the modal damping. The frequency of the first circle is 7 and the corresponding damping is {,. The
modal damping of this first resonance amounts 7.5e-4.

parameters indicate that, for a good choice of both parameters, the modal damping is only
correct at two frequencies.

The constant modal damping model, if fitted on the first resonance’s modal damping, seems
to overestimate the high-frequency damping too. Therefore, another damping model is
applied, which consists of a constant part and a part which is inversely proportional to the
frequency. The model is shown in Equation A4, and uses the modal damping factor of the
first NRB resonance w, as input: resonance number 7 is the first NRB resonance in a motion
stage. The factor f, describes the constant part of the modal damping of the first resonance.
This results in the constant model if the factor is set to 1, and if the factor is set to O it results
in the proportional damping model with @, = 0. For f. > 0, this is a non-proportional
damping model.

w7
i=¢ ((1 _fc);'{'fc) (A4)

Figure Ala shows a model fit on measurement data with 51 modes: 1 rigid body (RGB) mode
and 50 NRB modes. The resonance frequencies are used to create the A-matrix. The B- and C-
matrices contain the modal amplification factors and a constant value is included in the D-
matrix to compensate for model truncation. This shifts the transfer function zeros and
therefore the gain in the D-matrix can be determined based on the locations of the zeros. The
damping value of the first resonance is determined and subsequently the factor f, is adjusted
to obtain a good model fit. A good result for this model is obtained with a factor f, of 0.6. The
model damping values corresponding to this factor are shown in Figure A1b.
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The dash-dotted line shows the constant part and on top the part is shown which decreases by
1/frequency is visible. The modal damping value for the first resonances appears to be 7.5¢e-4.
This approach gives quite a good estimate of the modal damping and corresponding
amplifications at the resonance frequencies.
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Appendix B Improved LVE Rocol fluid model

Chapter 5 showed an RMD design for a motion stage based on a 3-mode Maxwell fluid model
of Rocol Kilopoise. The RMDs are characterized and compared with the model behavior. In
the frequency region between 2 and 4 kHz, the RMD model showed an overestimation of the
damping with respect to the measurement. This mismatch is mainly due to an overestimation
of the damping in the LVE fluid model. The derivation of the fluid model and the resulting 3-
mode Maxwell model are described in Chapter 4. To obtain a more accurate fluid model, the
procedure as described in Chapter 4 is applied on RMD measurements as presented in
Chapter 5. The resulting fluid model is compared with the fluid model described in Chapter 4.
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Figure B1: Magnitude and phase plot of the two Maxwell models of the Rocol Kilopoise 0868 VLE fluid.

Table B1: 3 mode fluid model and 2 mode fluid model
parameters.

First model 3 mode M#1 Mi#2 M#3 Unit

G 1.55e4 4.41e5 5.87e6  Pa
n 66.3 81.1 62.3 Pas
fo 373 8646 1.50e4 Hz
Zero Shear Viscosity 209.7  Pas
Second model 2 mode M#1  M#2  Unit
G 2.10e5 1.20e6  Pa
n 63,7 93,5 Pas
fo 524.7 2042.6 Hz
Zero Shear Viscosity 157,2  Pas
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A-B1 Improved Rocol model

An optimization procedure is applied to minimize the error between the model behavior and
the RMD measurement as shown in Chapter 5, Figure 5.24. The resulting fluid model is
shown in Figure B1. The first 3 mode model of Chapter 4 is plotted for comparison. Table B1
lists the parameter values of the fluid modes of both models. The fluid in both cases is Rocol
Kilopoise 0868. The first fluid model was described by three modes: the second model
contains two fluid modes. The phase of the second fluid model crosses 45 deg at 2 kHz,
instead of 13 kHz for the first model. This indicates that the damping of the 2 mode model
above 1000 Hz is lower than that of the 3-mode model. The specific frequencies as listed in
Table B1 show that the first model contains a mode with a turnover frequency around 15 kHz
which induces the high-frequency damping overestimate. The second fluid model’s highest
turnover frequency is around 2 kHz, which explains the sharp phase decrease around 2 kHz.
The zero shear viscosity of the second model amounts 157.2 Pas: this value is 28.5 % lower
than specified by the manufacturer. The first fluid model showed a ZSV of 209.7 Pas, which
is 4.7 % less than specified.

A-B2  Stage damped transfer function with new fluid model

The damped transfer functions of the complex stage design as investigated in Chapter 4 are
calculated with both fluid models to compare their quality in more detail. Figure B2 shows the
undamped frequency response as well as the frequency responses with the 3-mode and 2-
mode fluid model. The measurements showed the modal damping of the first mode to be 7.5e-
4. This damping value is applied in the stage model to make the results more comparable to
the measurement. The natural frequency and geometrical damping factor of 1270 Hz and
14.33 m respectively, are applied as in Chapter 4.4. Figure B3 shows the Bode diagram of the
measurements as presented in Chapter 4, Figure 4.30. The mode numbers are indicated in
both figures to enable comparison. The non-rigid body resonances within the cost function
range (1-4 kHz) are listed in Table B2 with their suppression factors.

In addition to the suppression factors, some other observations can be done regarding the
resonance shapes in the Bode diagram and the frequency shifts of the resonances:

e Mode #7 shows equal natural frequencies for both damped models, which are both
lower than the undamped resonance frequency.

e Mode #9/10/11 show a continuous line in the measurement in which the separate
resonances are barely visible. This behavior is better estimated by the second — 2-

Table B2: Suppression factors for the resonances within the frequency range
of the cost function.

First model Second model

Mode number  Measurement 3 mode 2 mode Unit
Mode # 7 -243 -26,1 -24.8 dB
Mode # 9/10/11 -38,7 -30,9 -35,9 dB
Mode 13 -26,6 -28,2 -26,9 dB
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mode — fluid model than by the first fluid model.

e (alculated with the 3-mode model, the natural frequency of mode # 13 is lower than
for the undamped model behavior. The transfer function calculated by the 2-mode
model, however, shows a higher damped frequency than undamped frequency. This
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Figure B2: Collocated frequency responses at the stage corners. The dotted line shows the undamped
frequency response with a modal damping of 7.5e-4 -. The other two frequency responses are calculated
with the two fluid models.
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Figure B3: This figure is equal to Figure 5.24, and presented here again to facilitate comparison. This figure
shows the transfer function measurements of the undamped and the damped stage.
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positive shift is in correspondence with the measured frequency shift.

At frequencies above 5.5 kHz, the damping of the 3-mode model slightly
overestimates the damping. The second fluid model however, underestimates the
damping at those frequencies.

The second fluid model performs better than the first fluid model, especially within
the frequency range of interest. However, for frequencies above 5 kHz the damping
estimate is a little too low. The 2-mode fluid model can be improved further by adding
a third fluid mode with a time constant between 5 and 7 kHz, which slightly increases
the phase, and therefore the damping, of the fluid model between 5 and 10 kHz.
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Appendix C Linear viscoelastic damping materials

A-C1 LVE Fluids and solids
Chapter 5 described an approach to increase the modal damping of a motion stage over a
specified frequency range. In that chapter, the explanation is based on a linear viscoelastic
fluid, which introduces practical difficulties. Another solution is adding damping by rubber-
like materials which show LVE behavior too. A principal difference between fluids and solids
is: elastic solids show stress based on the applied strain, where viscous fluids show stress
based on the induced strain rate.

LVE materials, both solids and fluids, can be modelled by the multi-mode Maxwell model. A
single mode in this model, existing of a spring and damper, describes viscous behavior at low
frequencies, which changes in elastic behavior for high frequencies. The transition frequency
between viscous and elastic behavior is indicated as characteristic frequency for that specific
Maxwell mode. The phase is 90 deg for low frequencies and 0 deg for high frequencies. The
45 deg phase crossing is located at the characteristic frequency for that Maxwell mode.

An LVE fluid shows viscous behavior for low frequencies, LVE behavior in the intermediate
frequencies and elastic behavior in the high frequency range. The characteristic frequencies of
a multi-mode Maxwell model for a fluid are located within the LVE frequency range. The
difference between the model for an LVE fluid and an LVE solid is the presence of low-
frequency modes for the solid, with one zero-frequency mode to model the steady state elastic
behavior. This mode is not present in a fluid model, which shows steady state viscous
behavior.

For a flexure based RMD design, these differences in material properties result in (1) a worse
decoupling between stiffness and damping for LVE solids with respect to fluids: the stiffness
of LVE material contributes significantly to the RMD stiffness. This contribution is
compensated by a decrease in flexure stiffness to maintain the optimal natural frequency. As a
result, it will be more difficult to design high natural frequencies in other directions. An
additional drawback of LVE solids is that (2) they usually contain modes with relative low
characteristic frequencies with respect to fluids, which do not contribute to the performance
within the frequency range in which the damping of the motion stage has to be increased.
However, these modes contribute to the time response of the dampers.

To quantify the two statements above, examples are given for four different LVE materials.
Three of these examples are LVE fluids with different material properties and the fourth is a
rubber material. The rubber and one fluid model are based on real materials. The other two
fluid models are created for comparison reasons and do not describe the behavior of an
existing material. These four materials are compared to show their different influences with
respect to motion stage damping. The four materials are:

e A viscous fluid up to 100 kHz: a single mode fluid model is used which shows purely
viscous behavior up to 10 kHz. The time constant of the fluid mode equals 1e6 Hz and
the ZSV amounts 220 Pas.
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e an LVE fluid with the characteristic frequency at 5 kHz: this fluid model contains 1
Maxwell element and crosses the 45 deg phase at 5 kHz. The ZSV of this fluid is 220
Pas.

¢ the Rocol Kilopoise 3-mode model: this is a realistic fluid model as applied in chapter
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4 and 5. The ZSV of this fluid is 220 Pas.

e an industrial rubber type (GWM-AO04): this material shows LVE behavior in the

Figure C1: Magnitude and phase plot of the different LVE materials.

frequency range of interest for motion stage damping (1-4 kHz).

All fluids have a ZSV of 220 Pas to make the fluids more comparable. The magnitude and

phase of these materials are presented in Figure C1.

A-C2
To show the differences between the materials, different optimizations are executed on the
complex stage design as investigated in Chapter 4. Optimal damper parameters — natural
frequencies and geometrical damping factor (see chapter 3 & 4) — for the different materials
are sought after. The results are listed in Table C1. The RMD masses are 65 g for all results
listed and the damper locations are equal. The algorithms are as the one applied in Chapter 5,

Frequency dependent behavior

which is a hybrid optimization algorithm. Two cases are studied:
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The small banded optimization: the cost function is defined between 1 and 2 kHz. This
suppresses the first resonance and the resulting parameter values show typical TMD behavior.
See Chapter 5, Section 5.3.3.

The broad banded optimization: the cost function is defined between 1 and 4 kHz. This
suppresses a broad range of resonances and the resulting parameter values show typical RMD
behavior. See Chapter 5, Section 5.3.4.

First the results of the small banded optimization are explained: the suppression factor for the
three fluids is comparable. This is roughly 40 dB. Looking top-down in Table C1, the TMD
natural frequency is decreasing and the geometrical damping factor is increasing. Fluid 1 does
not perform the best, although it contains perfectly viscous damping up to 10 kHz. The
difference is only 0.34 dB in this case, which is senseless for practical use. However, the
effect is visible in the simulation results and a property of the fluid. Figure C1 shows that the
phase at 1500 Hz — the resonance frequency — is decreasing for the different fluids: fluid 1 =
90 deg, fluid 2 = 75 deg and fluid 3 (Rocol) shows about 60 deg. This decrease in damping is
compensated by larger geometrical damping factors: respectively 0.81, 0.85 and 2.10 m.

The introduced fluid stiffness from the larger geometrical damping factors is compensated by
a decreased optimal stiffness for the leaf springs, visible as a lower natural frequency, 1391,
1326 and 1270 Hz, respectively. The rubber shows a lower suppression factor combined with
a very low natural frequency. The geometrical damping factor is lower than for the fluids. The
reason is visible in the magnitude plot of Figure C1, which shows values over an order larger
than for the fluids. The optimal geometrical damping factor therefore is more than a
magnitude smaller than for the fluids. The problem of this specific rubber material is the high
stiffness-damping-ratio, which is too high for optimal resonance suppression. A larger
geometrical damping factor introduces more damping. However, it increases the stiffness too,
and therefore the natural frequency. A rubber material with this phase characteristic and a
lower zero frequency stiffness would have performed much better in this case.

Table C1: Suppression factors for the resonances for the small banded case (cost function
between 1 and 2 kHz) and the broad banded case (cost function between 1 and 4 kHz). The
damper mass is 65 g for all results listed.

Small banded optimization  Suppr. [dB]  Nat. Fr. [Hz] GDF [m]

Fluid (45 deg @ 1e6 Hz) -39.41 1391 0,81
Fluid (45 deg @ 5e3 Hz) -39,75 1326 0,85
Rocol KP 3 mode model -39,62 1270 2,10
Rubber -30,96 10 0,054

Broad banded optimization Suppr. [dB]  Nat. Fr. [Hz] GDF [m]

Fluid (45 deg @ 1e6 Hz) -22,76 2136 4,87
Fluid (45 deg @ 5¢3 Hz) -24.81 1437 5,54
Rocol KP - 3 mode model -23,66 1271 14,32
Rubber -24,02 0 0,144
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The comparable suppression factors in case of the broad banded optimization results show
that all four materials perform well within this frequency range (1-4 kHz). However, small
differences are present. The first fluid obtains the worst suppression value, although it shows
a phase of 90 deg over the cost function frequency range. This is in comparison with the small
banded suppression results. The other two fluids are performing better. Looking top-down in
Table C1, the geometrical damping factor increases for the fluids, and the natural frequency
decreases, as for the small banded case. The fluid with 45 deg phase at 5 kHz performs best
again. In this case the rubber performs well in terms of suppression factor. However, because
of the relatively high rubber stiffness, the flexure based natural frequency is very low again.
This results in a difficulty to obtain high parasitic natural frequencies in the mechanical RMD
design phase.

A-C3 Suppression as function of damper mass

Figure C2 shows the maximal suppression factor, the natural frequency and the geometrical
damping factor as function of the damper mass for the broad banded case, as shown in Table
C1. These plots are the result of 50 optimizations for each LVE material. The right figures are
details of the left figures and show the damper mass of 65 g indicated by the dashed line. The
upper left figure shows straight lines as function of the damper mass. The lines do not
intersect which clearly shows that the maximum obtainable suppression factor for a certain
RMD mass and damping range solely depends on the LVE fluid characteristics: the fluid that
performs best with a certain damper mass is the best fluid for other damper masses too. These
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Figure C2: Maximal suppression value as function of the damper mass for the 4 materials presented
above. The left figures shows a mass range from 10 g to 250 g and the right figures show a detail plot
with 65 g damper mass indicated.
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Figure C3: Stiffness as function of the frequency. The flexure stiffness is constant.

graphs show that 1) pure viscous damping (Fluid 45 deg @ 1e6 Hz) does not provide optimal
suppression. This holds for both the small banded case and the broad banded case, see Table
Cl1, and 2) the broader the frequency range is specified, the larger the advantage of LVE
behavior with respect to viscous behavior will be. The mechanism behind these results is
explained in the next section.

A-C4  Frequency dependent natural frequency

To explain the advantage of an LVE material with respect to a purely viscous material, the
RMD design of Chapter 4 is used. The corresponding values are also presented in Table C1,
Broad banded optimization, Rocol KP 3 mode model. The damper mass of 65 g combined
with the leaf spring stiffness results in an undamped natural frequency of 1270 Hz, with a
theoretical stiffness of 4.13e6 N/m. This value is constant as function of frequency and shown
in Figure C3 as Flexure stiffness. The complex fluid damper response shows an in-phase
component with the displacement. This phenomenon arises due to higher order dynamic
behavior of the multi-mode Maxwell fluid model and can be seen as a ‘frequency dependent
stiffness’: each Maxwell mode contributes to the stiffness in a specific frequency range. This
frequency dependent stiffness is shown in the Figure C3 as fluid induced damper stiffness. A
combined stiffness as function of frequency can be calculated by taking the sum of the flexure
stiffness and the fluid damper stiffness, which is shown by the continuous line. This
frequency dependent stiffness enables to calculate a frequency dependent natural frequency of
the RMD. Figure C4 shows the RMD natural frequency-frequency ratio for the flexure
stiffness and the combined stiffness: the natural frequency curves are divided by the
frequency on the horizontal-axis, which indicates that the actual natural frequency can be
found at the 1 crossing. The natural frequency for the flexure stiffness is 1270 Hz as shown
by the 1 crossing.

The natural frequency for the combined stiffness is approximately 2100 Hz. The frequency
range in which the modal stage damping has to be increased is indicated by the thicker line. A
more horizontal slope contributes to the effectiveness of the damper. This explains the smaller
advantage in case of the small banded optimization: the change in natural frequency is smaller
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Figure C4: Natural frequency coefficient as function of frequency. The circles indicate the static
natural frequency and the actual natural frequency.

over the frequency range of interest. For comparison: Table C1, broad banded optimization,
Fluid (45 deg @ 1e6 Hz) shows a natural frequency of 2136 Hz for a fully viscous fluid. This
natural frequency is roughly in the middle of the cost function range. This already indicates
that this fluid does not benefit from LVE stiffness (see the lower suppression factor).

A-C5 Time domain results

Table C1 shows optimal RMD parameters for four TMDs with different LVE materials. The
dynamic models of these RMD’s and step responses are calculated to show another important
difference between LVE solids and fluids. Figure C5 shows normalized step responses for the
four RMDs. The upper figure shows the response on a linear time scale and the lower one on
a logarithmic time scale. The upper figure clearly displays the difference in behavior between
the four RMDs. The damper with the viscous fluid (45 deg at 1 MHz) shows the quickest
response. This mechanism has the highest stiffness and the fluid has short time constants. The
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Figure C5: Normalized step responses of the different RMD designs.
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RMD with optimal fluid for suppression (45 deg at 5 kHz) also shows a fast response. The
lower time constant is visible in the slower response with respect to the viscous fluid. The
RMD with the Rocol model applied shows a slower response than the first two. The RMD
with rubber applied however, shows a much slower response. The initial response is relatively
good. However, the low-frequency LVE modes cause a step response with a very slow
component. Finally the step response converges to 1 as in case of the other fluids, see the
lower plot of Figure C5. Note that the performance of these dampers on the motion stage is
comparable in the frequency range between 1 and 4 kHz.

A-C6  Conclusions
For damping over a specified frequency range with RMDs, although counterintuitive, linear
viscoelastic damping behavior enables better performance i.e. larger suppression factors than
purely viscous damping behavior. This effect is introduced by the in-phase part of the
behavior of the fluid, which can be interpreted as a frequency dependent stiffness of the linear
viscoelastic material. The amount of performance improvement of an LVE material with
respect to a purely viscous fluid is determined by:

e the LVE material properties,
¢ the frequency range.

The improvement factor is independent of the damper mass. The advantage is visible in both
the design of TMDs and RMDs but is more utilizable in case of broad banded damper design.

Although rubber materials work as well as fluid damping for HF resonance damping, they
show low-frequency Maxwell modes, which are visible in the transient responses.
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Appendix D Thermal effects

The principle of damping is based on energy dissipation, which implies that kinetic energy is
transformed into thermal energy. The corresponding temperature increase during operation
affects the damping constant and therefore the performance of the RMDs. This appendix
briefly presents an estimate of the temperature increase of the damper during operation. The
following assumptions are made:

e the zero shear viscosity of the fluid is used in the damping value,

® asinusoidal displacement profile is assumed between the RMD and the stage,
¢ the dissipation is calculated for one frequency,

e the displacement amplitude is estimated.

Given the above assumptions, the displacement of the RMD with respect to the stage as
function of time is described by:

x(t) = xgcos(wt) (D)

in which x, describes the displacement amplitude. The power dissipation as function of time
for a viscous damper is described by:

P(t) = dxiw?sin(wt) (D2)

with d representing the damping constant in Ns/m. Over time, this leads to an averaged power
dissipation of:

dxow?
Pave = g (D3)

The calculations are elaborated upon for the one degree of freedom setup which is used to
characterize the fluid behavior and is described in Chapter 4. The damping constant d is 500
Ns/m and the displacement amplitude x is assumed to be 100 nm. The natural frequency of
the setup is 1150 Hz which is used for w in (D-3). This leads to an average power dissipation
of 130 uW. In case a steel fin and slot part are assumed of 10 g, the temperature increase in 1
minute amounts 1.6e-3 K.
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Figure D1: a) Quarter damper model and b) corresponding FEM model.

To provide more insight in the temperature increase over time, the transient behavior is
calculated by means of FEM. because of the damper symmetry, only a quarter has been
modelled. This quarter of the fin and slot part is presented in Figure D1a. Figure D1b shows
the FEM model in which a heat load of a quarter of 130 uW is defined and heat convection to
the environment. The fin and slot material is defined as steel and for the material in between
the properties of oil are defined. A transient calculation shows the temperature increase over
one hour of excitation, in which a steady state is reached. The resulting temperature
distribution is presented in Figure D2a.

Points 1 and 2 indicate the locations at which the transient response is calculated. These two
transients are presented in Figure D2b. The initial slope of the responses corresponds to the
estimated value of 1.6e-3 K/min as calculated on the previous page.

These calculations show that the temperature increase during measuring for fluid
characterization, even with a relatively long measurement time, will not be visible in the
resulting frequency response. This is important with respect to the frequency response
measurements and corresponding model quality as presented in Chapter 4.

In addition, it provides an estimate for the damper behavior in case of practical
implementation at a motion stage. For implementation, the resulting temperature might be
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Figure D2: a) Temperature distribution in the fin, slot and damper fluid after one hour of excitation.
Point 1 and 2 show the locations at which the transient behavior is calculated. The transients are
presented in Figure D2b.
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smaller than estimated by these calculations, as:
e the amplitudes are smaller, which is quadratically included in the equations,

e the damper is excited discontinuously, which provides unexcited time. This enables
the damper to cool down during operation,

e the energy dissipation is lower for high frequencies due to the linear viscoelastic
behavior, which shows a damping decrease and, therefore, a dissipation decrease as
function of frequency (see Chapter 4 and Appendix C).
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Appendix E RMD design with two degrees of freedom

This thesis presents an RMD design which allows to increase the modal damping of
resonances. The maximal resonance suppression is a function of the normalized displacement
of the corresponding mode. This implies however, that a certain resonance cannot be damped
if it doesn’t show displacements at the RMD locations. For the stage designs as discussed, this
implies that mode shapes that don’t show displacements at the corners, cannot be damped. For
plate like structures, these undampable NRB modes start with the saddle mode. See for
instance Chapter 2 and 5.

To increase the modal damping of a larger amount of structural modes, a few solution
directions can be explored:

e the location of the dampers on the stage can be changed. This usually reduces the
efficiency for the BW limiting modes but can increase the number of modes that can
be influenced,

¢ the stage design can be adapted, i.e., a non-symmetrical stage can be designed,
e the RMD design can be adapted to influence the other modes too.

The latter is elaborated upon in this appendix. Figure E1 shows modes 7, 8 and 15 of a square
plate. These modes are respectively the torsion mode, the saddle mode and a higher order
saddle mode.
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Figure E1: Three mode shapes of a square plate, respectively mode 7, 8 and 15. Mode 7 shows a translation
at the plate’s corner. Mode 8 and 15 show rotations around the plate diagonal.

Figure E1 shows that modes that do not show displacements at the stage corners, have a nodal
line crossing the stage’s corner and therefore show a rotation at this location. Therefore, an
RMD design that will be able to damp all out-of-plane modes can be designed containing:

e atranslation in vertical direction,
e arotation around the stage’s diagonal.
This appendix shows an idea for the mechanical realization of a two degree of freedom RMD.

In addition to the translational RMD as described in this thesis, an additional degree of
freedom should be added. This implies that the structural material should be shaped in such a
way that two DoFs have a relatively low stiffness and four DoFs have a relatively high
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Mode # 1: translation Mode # 2: rotation
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Figure E2: The first four mode shapes of the mechanical part of a two degree of freedom RMD design.
The corresponding natural frequencies are listed in Table E1.

stiffness. In addition, the translational mass should be designed in such a way that an as high
as possible moment of inertia is obtained to damp the rotational DoFs.

A two DoF RMD design is presented in [95]. This design is statically determined, fixing 4
DoF and enabling 2 DoF; a translation and a rotation. The resonance suppression factor is a
function of the RMD mass and likewise, the rotational suppression is a function of the
moment of inertia. Therefore, the RMD design is aimed at maximizing the moment of inertia
with a fixed amount of mass. According to the formula of Huygens-Steiner, the most efficient
way to obtain this is by enlarging the effective length of the mass with respect to the center of
rotation. This results in a design of two masses connected by an intermediate body. This
design, including the first four mode shapes, is presented in Figure E2.

Table E1: The mechanical properties of the two DoF RMD and the corresponding natural

frequencies.

Properties of the RMD design Value Unit

Moving mass 35e-3 kg

Moment of inertia 15e-6 kg-m?
Mode nr. Mode description Value Unit
Mode # 1 Transation 1250 Hz
Mode # 2 Rotation 1800 Hz
Mode # 3 Plate spring in-plane-shear 7230 Hz
Mode # 4 Tension of the struts 8900 Hz

156



Robust Mass Damper Design for Bandwidth Increase of Motion Stages

Because of the small mass percentage that is included in the intermediate body and the
relatively large distance between the two masses, the four struts are applied to counteract
internal degrees of freedom. The mechanical properties and the frequencies corresponding to
the mode shapes as presented are listed in Table E1.

After calculation of the optimal damper properties for a specific stage design, a physical
damper has to be designed, which is more difficult than in case of the single DoF RMD.
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