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ARTICLE INFO ABSTRACT
Keywords: In order to improve their efficiency, transcritical CO, heat pumps need to resort to the use of a subcooling
Water heater method. Among the different subcooling methods, dedicated mechanical subcooling (DMS) systems and internal

Transcritical cycle heat exchangers (IHX) are currently the more promising technologies. This paper presents a numerical study of a

Iggat pump transcritical water source CO; heat pump during hot water generation using different subcooling methods. Ten
DMZS different configurations, including both, IHX and DMS, separately and combined in different layouts, some of

IHX them not studied previously, are analyzed numerically under the same operating conditions in order to compare
their performance. A description of the numerical model is presented: compressors are modeled using the per-
formance curves provided by their manufacturers, expansion valves are modeled as isenthalpic, and heat ex-
changers are modeled by deriving correlations for the evaporation/condensation pressure and heat transfer rate
obtained using a 1D cell-by-cell discretization method previously applied to all heat exchangers. Results are
presented for different water heating conditions and show that in most configurations analyzed, the use of a DMS
does not improve the performance of the system compared to the base system with IHX. There is only an
improvement in the efficiency for two of the configurations analyzed, those in which the main CO3 cycle and the
DMS cycle are coupled by the water flowing first through the evaporator of the auxiliary cycle and then through
the gas cooler of the main cycle. Specifically, compared to the base cycle with IHX, the configuration that
provides the best results (Conf. F* according to the nomenclature used in this work) gives average improvements
of around 26% in efficiency and almost 160% in the heating capacity, while the optimum gas cooler pressure is
reduced by an average of 12%. Even more, compared to the best performance system previously studied by other
authors (indirect DMS without IHX, Conf. F in this work) this configuration improves the efficiency by almost
8.5%, with a decrease in the total capacity lower than 1% and similar gas cooler pressure. The results also show
that the auxiliary compressor capacity and the way in which the water is distributed among the main and the
auxiliary cycle have an important influence on the efficiency of the system, although that influence depends on
the configuration studied. For the configuration that provides the best efficiency (Conf. F*), the optimum effi-
ciency is obtained when the auxiliary compressor capacity is similar to the capacity of the main compressor (55%
of the total heating capacity comes from the auxiliary cycle), and the water is mostly heated in the auxiliary cycle
(85% of the water flow heated in the condenser of the auxiliary cycle, 15% heated in the gas cooler of the main
cycle).

properties of CO; as a refrigerant (Al type, natural, cheap, and with a
global warming potential (GWP) of 1) and, the high coefficient of per-
formance (COP) obtained, especially when the inlet water temperature
islow [1,2]. However, as the inlet temperature of the water to be heated
increases, the COP of the system decreases. This is due to the fact that
these systems usually use a water-refrigerant heat exchanger working

1. Introduction

Transcritical CO, heat pumps are currently improving their pene-
tration in the market of hot water generation, especially in the building
sector. Apart from other factors, this can be explained because of the
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Nomenclature

Acronyms

3wv Three-way valve

BPV Back-pressure valve

COP Coefficient of performance

DMS Dedicated mechanical subcooling
DHW Domestic hot water

EEV Electronic expansion valve

GWP Global warming potential

HX Internal heat exchanger

MARD  Mean absolute relative difference
SC Subcoolingdegree

SH Superheating degree

TTS Thermoelectric subcooling system
Variables

A Heat exchange area (m?)

h Specific enthalpy (kJ-kg™")

k, Flow coefficient (m3-h™1)

m Mass flow rate (kg-s’l)

P Pressure (bar)

Q Heating capacity (kW)

T Temperature (°C)

% Compressor speed (rpm)

\% Volumetric flow rate (m3-h™1)
w Compressor power input (kW)
Greek

A Difference (-)

p Density (kg-m™>)

Subscripts

a Actual operating conditions

c Condenser

comp Compressor

e Evaporator

gc Gas cooler

in Inlet

out Outlet

r Refrigerant

rat Rated conditions

S System

t Total

w Water

under counter-flow conditions as a gas cooler and, as the inlet water
temperature increases, the enthalpy of the refrigerant (CO3) at the outlet
of the gas cooler also increases [3,4]. This limits the specific heat
absorbed at the evaporator and, consequently, also the specific heat
transferred at the gas cooler and the overall COP.

In order to overcome this handicap, transcritical CO; systems usually
resort to the use of a subcooling or after-cooling' method, which allows
reducing the enthalpy of the refrigerant at the gas cooler outlet and thus
improving the efficiency of the system. Typically, the subcooling effect
has been obtained by internal methods. Although there are several in-
ternal methods that can improve the efficiency of the system, like the use
of an economizer or subcooler, or the use of integrated mechanical
subcooling [6], the method most frequently used consist of the use of an
internal heat exchanger (IHX). As summarized by Llopis et al. [6], the
use of an IHX located both in the classical or in non-classical positions, or
combined with other methods (combined with ejectors, combined with
expanders, or combined with vapor extraction from the intermediate
vessel) has been extensively studied by different authors as a way to
improve the performance of refrigeration plants. Regarding its use in
heat pump systems, although according to White et al. [7], in high-
temperature heating applications it is preferable to eliminate the THX
in favor of a larger gas cooler, most authors reported improvements in
the performance of the systems studied when an IHX is used. Kim et al.
[8] pointed out that the use of an IHX reduces the optimal pressure and
improves the COP up to certain discharge pressure. The existence of a
limit discharge pressure below which the IHX improves the cycle per-
formance was also reported by other authors [9-11], although [9] and
[10] circumscribe that improvement to conditions of high temperature
of the refrigerant leaving the gas cooler or the water entering the gas
cooler. Although, similarly to what was previously reported in

1 As pointed out by Mohammadi [5], above the critical pressure there is no
real subcooling and therefore the term “subcooling” should not be used. Despite
the authors acknowledging that, from a thermodynamic point of view, it would
be more appropriate to use the term “after-cooling”, the term “subcooling” is
widely used in most of the published research work dealing with transcritical
refrigeration and heat pump systems and this work will follow that
nomenclature.

refrigerant plants by Torrella et al. [12], according to Jiang et al. [13] or
Cao et al. [14], in heat pump facilities the use of an IHX can also be
related, under certain operating conditions, to excessive compressor
discharge temperature. According to Illan-Gémez et al. [4], unsafe
temperatures can be avoided using an appropriate control system that
acts opening the valve that controls the gas cooler pressure in order to
decrease that pressure when the compressor discharge temperature
approximates the limits of the compressor.

A more recent alternative to internal subcooling methods consists of
the use of dedicated subcooling systems, that is currently been studied
by different authors. Among these dedicated subcooling systems, the
most frequent method is based on the use of an auxiliary vapor
compression system that produces the subcooling effect in its evapo-
rator; those systems are usually called dedicated mechanical subcooling
(DMS) systems. A different and less frequent approach is based on the
use of thermoelectric (Peltier) elements as subcooling devices, which are
called thermoelectric subcooling systems (TSS). Both approaches are
relatively recent improvements that are being studied by different re-
searchers as a method to enhance the efficiency of CO2 transcritical
cycles, mainly in refrigeration applications [6].

During the last few years, several authors have studied the feasibility
of the use of DMS systems also in heating applications. Yang et al. [15]
studied, both, experimentally and theoretically, a combined R134a and
transcritical CO2 system, in which the subcooling effect is obtained
indirectly by splitting the feed water into two streams. The first stream is
directly warmed up in the R134a condenser, whereas the second stream
flows into the R134a evaporator, where it is cooled down, and then
flows into the CO, gas cooler where it initially produces a subcooling
effect, improving the efficiency of the CO, system and then is heated up
and mixed with the first stream. The system studied was an air-to-water
heat pump, working at ambient temperatures ranging from —20 °C to
7 °C. According to the authors, the system proposed allows reaching an
increase in the overall efficiency by up to 22% compared to a standard
transcritical CO2 system. The system has been further studied by the
authors [16-19] in order to determine the optimal discharge pressure
and the optimal intermediate temperature.

Dai et al. have published different papers in which they have
numerically studied DMS systems from different perspectives and using
R1234yf as refrigerant in the auxiliary cycle [20-24]. In [20,21] they
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study a transcritical reversible air source COy heat pump air condi-
tioning system with and without DMS, reporting improvements in both,
the COP and the exergy efficiency when the DMS is used. Similar con-
clusions are obtained in [22,23], in which they compare a transcritical
air source CO5 heat pump with a similar system using direct DMS. In
[24] they extended the comparison to six different configurations of
transcritical air source CO; heat pumps: a base single-stage transcritical
CO4 system, a double-stage transcritical COy system with vapor injec-
tion, a cascade CO5 system, an indirect DMS system similar to the one
proposed in [15], a direct DMS system coupled to a single-stage tran-
scritical CO5 system, similar to that previously studied in [22,23], and a
direct DMS system coupled to a double-stage transcritical CO; system
with vapor injection (what they called VIDMS system). They conclude
that the VIDMS system was the one that provides the highest efficiency
in the whole range of ambient temperatures, from —30 °C to 20 °C. They
also have published other papers devoted to refrigeration facilities,
obtaining certain conclusions that could probably be extrapolated to
heat pump systems. In [25] they studied the influence of the fluid used in
the auxiliary DMS cycle, concluding that the mixtures with proper
temperature glide are preferable to pure substances. In [26] they
compared a single-stage transcritical COy refrigeration system with
direct DMS that uses R290 as the refrigerant (what they called SMS) with
four different configurations of a two-stage transcritical CO, refrigera-
tion system with direct DMS. Depending on the amount of CO, that
passes through the first throttling valve before entering the intermediate
liquid receiver, and on the relative position of the DMS cycle (high or
low-pressure side of the main CO5 cycle) four different combinations can
be found. When only a part of the CO3 flows through the first throttling
valve, the intermediate liquid receiver includes a heat exchanger in
which the high-pressure fluid is subcooled by exchanging energy with
the bi-phasic fluid at an intermediate pressure, which evaporates before
mixing with the fluid that leaves from the low-pressure compressor
discharge port. Using those configurations (OTLMS for the low-pressure
DMS and OTHMS for the high-pressure DMS according to the nomen-
clature used by the authors), two different subcooling effects are ob-
tained, the one in the DMS evaporator and the one in the intermediate
liquid receiver, which up to a certain point, can be considered similar to
what can be found in an IHX. When all the CO; passes through the first
throttling valve (TTLMS for the low-pressure DMS and TTHMS for the
high-pressure DMS), the intermediate liquid receiver acts only as a flash
tank; the saturated vapor leaving the tank mixes with the superheated
vapor leaving the low-pressure compressor and the saturated liquid goes
to the COy evaporator, and only a subccoling effect is obtained. The
results obtained were compared to similar cycles without DMS and,
according to the results presented by the authors, the use of DMS im-
proves the COP of the four configurations studied. Regarding the exergy
efficiency and the COP of the four two-stage DMS cycles, it seems that at
ambient temperatures above 25 °C it is preferable to place the DMS on
the high-pressure side of the main cycle and to operate with all CO,
passing through the first throttling valve, although the relative location
of the DMS has a stronger impact than the amount of CO, passing
through the first throttling valve and thus the higher exergy efficiency is
found for the TTHMS, then the OTHMS, then the TTLMS and the lower
values are obtained using the OTLMS. When the ambient temperature is
below 20 °C, the differences are less clear; it seems that the COP im-
proves placing the DMS on the low-pressure side of the main cycle, but
the exergy efficiency does not follow exactly the same pattern.

Cheng et al. [27] and He et al. [28] also studied different configu-
rations for air source heat pumps. In [27] they proposed a system that is
able to switch between a transcritical COy cycle with DMS using
R1234yf as a refrigerant, and a cascade system formed by a subcritical
CO2 cycle on the low-pressure side and a conventional (subcritical)
R1234yf cycle on the high-pressure side. To switch between both modes,
the heat exchanger that acts as a gas cooler on the transcritical cycle,
acts as a desuperheater on the cascade cycle, whereas the R1234yf cycle
evaporator acts as a CO5 subcooler in the transcritical cycle and as a CO5
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condenser in the subcritical cycle. The authors studied numerically the
behavior of the system under six different Chinese climates, with
ambient temperatures ranging from —30 °C to 10 °C. They reported COP
improvements of 8.7% and 19.4% compared to a conventional tran-
scritical COy system with DMS, and a cascade system respectively. In
[28] they studied the influence that the water flow configuration has on
a transcritical CO3 system with DMS with ambient temperatures ranging
from —25 °C to 15 °C. They numerically compared three different water
flow configurations. In the first configuration, the water flow is sepa-
rated into two parallel streams, one flowing through the DMS cycle
condenser, and the other flowing through the CO, gas cooler. In the
second one, all the water passes first through the condenser of the DMS
cycle and then through the gas cooler. The last configuration studied
includes an additional gas cooler; all the water flows initially through a
first CO, gas cooler, then through the condenser of the DMS system, and,
finally, through a second CO; gas cooler. According to the authors, the
two gas coolers system can improve the COP of the system by between
3% and 7.6%, depending on the water return/supply temperature.

Although different authors have studied the use of DMS systems in
transcritical CO; systems during hot water generation, it is still neces-
sary to continue researching this subject. To the authors’ knowledge, all
studies published are devoted to air source heat pumps, which typically
present lower evaporation pressure than the water to water heat pumps
that will be studied in this work, including ground source or greywater
source heat pumps.

Additionally, different papers analyze distinct configurations under
different operating conditions, therefore the results obtained by those
authors are not directly comparable, and the differences among the
configurations proposed are not enough clear. This paper will try to
clarify the differences among the different configurations studied by
different authors by comparing them under the same operating condi-
tions, as well as to include in the study some configurations not analyzed
previously. Even more, in most cases, the comparisons are made against
a base cycle that does not include any subcooling method. Since the use
of an IHX is an easy way to improve the efficiency of transcritical sys-
tems, which has been extensively used by different authors, it seems
reasonable to compare a DMS system not only to a base cycle but also to
an improved cycle including IHX. This paper will take as the base cycle
for comparison a transcritical system that already includes an IHX.

Moreover, most of the papers available in the open literature do not
consider the combination of more than one subcooling method, and the
few existing papers that analyze the combination of more than one
subcooling method are devoted to refrigeration applications: Casi et al.
[29] studied the combination of IHX and TSS in a refrigeration facility;
the use of double IHX has also been studied both numerically [30] and
experimentally [31] by different authors; as previously cited, Liu et al.
[26] studied different DMS systems, including a combination of DMS
and an intermediate liquid receiver with an incorporated heat exchanger
which, in a certain way can be considered to act as a subcooling system.
To the best of the authors’ knowledge, those are the more representative
papers in the open literature that analyze the combination of more than
one subcooling method, and all of them are devoted to refrigeration
systems. Therefore, further efforts are necessary to study the combina-
tion of DMS and IHX in the same heat pump system.

This work seeks to evaluate whether the use of a DMS system coupled
to a transcritical CO, heat pump cycle can improve the overall perfor-
mance of the coupled system and what are the operational parameters
that optimize the system. Thus, this paper presents a numerical study of
the use of a DMS system using R1234yf as refrigerant, during hot water
generation in a water source transcritical CO heat pump under different
working conditions and different water flow configurations. The results
obtained will be compared to those obtained in a base cycle that includes
an alternative subcooling system, namely an IHX. Even more, this paper
will analyze whether the use of two subcooling methods (IHX and DMS)
combined in the same system is able to improve its performance.

The paper is structured as follows: the following section describes the
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model developed in MATLAB. That section also describes the different
operating conditions that have been introduced to the model in order to
study the influence of the DMS system on the performance of the heat
pump. The third section describes the results of the comparison of the
different systems and water flow configurations that have been
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compared for the transcritical CO; cycle. Finally, the last section sum-
marizes the main conclusions drawn.
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Fig. 1. CO,-DMS configurations analyzed for hot water generation.
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2. Systems studied

Fig. 1 shows the different configurations studied in this work for hot
water generation.

Conf. A is the base CO, cycle with IHX and without DMS. This
configuration is taken as a reference to evaluate the interest in
employing a DMS system and corresponds to the one previously studied
by the authors in previous works [3,4,32,33]. The numerical model used
for this configuration has been already validated under different oper-
ating both in stationary and transient conditions [3,4,32,33].

Conf. B represents a CO, cycle with DMS and without IHX. Different
authors have studied this configuration as a way to improve the effi-
ciency of transcritical CO, refrigeration plants. According to Llopis et al.
[6], the improvement reported using a DMS (up to 28.8% or even up to
67.7% when used jointly with an expander) is higher than the
improvement obtained with an IHX (up to 20%, but not recommended
with expansion energy recovery elements). The same or very similar
design has been studied by several authors in heating applications
[24,28] although, in most cases, those studies do not include a com-
parison with a basic cycle with IHX. Wang&Zhang [34] performed that
comparison and, according to their results, the use of an IHX as sub-
cooling method provides higher efficiency than the use of a DMS system
when heating water from 50 °C to 70 °C at ambient temperatures
ranging from —25 °C to 45 °C.

Conf. C, Conf. D, Conf. E, and Conf. F represent different variations of
a CO4 cycle with DMS and IHX. To the best of the authors’ knowledge,
the combination of those two subcooling methods in the same system
has not been previously studied.

The difference between Conf. C and Conf. D lies in the relative po-
sition of the IHX and the DMS system. In Conf. C, the DMS evaporator-
CO; subcooler is located before the IHX, whereas in Conf. D the IHX is
placed before the DMS system. When the CO» passes first through the
IHX, the superheating obtained in the low-pressure side of the IHX in-
creases, and the efficiency of the CO5 system operating as a heat pump is
expected to improve, whereas the evaporation temperature of the DMS
cycle will decrease and thus the efficiency of the DMS cycle is expected
to worsen. On the other hand, when the CO; flows first through the DMS
evaporator, the effect is the opposite, DMS evaporation temperature will
increase improving the DMS cycle efficiency and the superheating de-
gree at the THX low-pressure side outlet will decrease, degrading the
efficiency of the CO; cycle. The difference between Conf. C and Conf. D,
and Conf. C* and Conf. D* is the water flow circulation order. In Conf. C
and Conf. D, the water passes first through the gas cooler and then
through the condenser, whereas in Conf. C* and Conf. D* the water flow
is reversed. When the water passes first through the CO gas cooler, the
optimal pressure of the CO; cycle decreases, and its efficiency increases,
but the water enters the DMS cycle condenser at a higher temperature,
and therefore the DMS cycle condensing temperature increases, and its
efficiency decreases. When the water flow is reversed, the DMS cycle
operates at a lower condensing temperature (the efficiency increases)
but the CO5 cycle operates at higher optimal pressure (the efficiency
decreases). Those four configurations have been included here to study
which effect dominates and provides the best overall performance.

Conf. E corresponds in Fig. 1.e to the situation in which valve V1 is
open, and valves V2 and V3 are closed. It is similar to Conf. B, but the
water flow is divided into two different streams, one sent to the
condenser of the auxiliary cycle and the other sent to the gas cooler of
the main cycle. Therefore, as in Conf. B, the system operates without
IHX, but by dividing the water flow into two streams, it is expected to
not penalize the efficiency of one cycle over the other. This configura-
tion is similar to the layout that Dai et al. [24] called direct dedicated
mechanical subcooling (DDMS), and Cheng et al. [27] simply called
transcritical CO5 heat pump with DMS. It has been included in this study
to compare its performance with the other designs studied, and as a base
cycle in which an IHX can be also included in order to analyze its ability
to improve the overall efficiency of this configuration. That case
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corresponds to Conf. E*, in which valve V1 is closed, and valves V2 and
V3 are open, and therefore the system operates with a combination of
two subcooling methods, DMS and IHX.

Conf. F represents a CO2 cycle without IHX (valve V1 open, valves
V2&V3 closed in Fig. 1.f), and an auxiliary subcooling cycle. In this
design the water flow is divided into two streams, one flows through to
the condenser of the auxiliary cycle, and the other one passes first
through the evaporator of the auxiliary cycle and then is sent to the gas
cooler of the main cycle. This layout is similar to that extensively studied
by Yang et al. [15] and Song et al. [16-19], and also by Dai et al. [24],
who called it indirect dedicated mechanical subcooling (IDMS). Finally,
Conf. F* represents a similar design but includes an IHX (valve V1
closed, valves V2&V3 open in Fig. 1.f).

As pointed out in previous paragraphs, some of these configurations
have been already studied by other authors, but have been included here
in order to compare them under the same operating conditions. Addi-
tionally, the combination of two different subcooling methods (DMS and
IHX) has not been considered by most of the previous researchers and
therefore has been included here in order to assess its ability to improve
the efficiency compare to each of those subcooling methods separately.

For better clarity, the temperature-entropy diagrams for several
representative configurations can be seen in Fig. 4, jointly with an
explanation of the differences among them in section 4.1.

3. Numerical model

In order to enhance the efficiency of the overall system, a funda-
mental design condition when a DMS cycle is considered to be coupled
to a base cycle (such as the case here with the transcritical CO; cycle), is
that the COP of the coupled cycle (i.e., base CO2 main cycle combined to
DMS cycle) must be greater than the COP of the base cycle (i.e., COq
cycle). This and other conditions were evaluated for the coupled system
under different working conditions in order to evaluate if the intro-
duction of the DMS cycle improves the overall performance of the sys-
tem. In this work, the global COP of the facility is defined as:

cop— QO )
Weo, + Wrizzay

where Qgc is the heating capacity at the gas cooler of the main cycle, Q, is
the heating capacity at the condenser of the DMS cycle, and W¢p, and
WR1234yf are the power inputs at the CO, and R1234yf compressors. It
has to be taken into account that the refrigerant flow rate at the R1234yf
cycle can vary depending on the working conditions, and it can be
estimated as:

+ Ahcoy

. (2)
Ahgi2zay

MR1234yr = Mco2

where Ahcoz and Ahg;234yr are the enthalpy change of CO2 and R1234yf
at the heat exchanger acting as CO; cycle subcooler and R1234yf cycle
evaporator.

All main components of both, the auxiliary and the main cycle, have
been modeled and included in a numerical model of the coupled system.
The components of the main cycle included in the model are those that
actually form part of the experimental facility described in previous
works [3,4,32,33]. The components of the auxiliary R1234yf cycle have
been selected using their respective manufacturer’s selection software in
order to design an auxiliary cycle that can be coupled to the existing
main cycle. In this way, those configurations that are more promising
according to the results provided by the numerical study developed here
can be studied in future experimental works. Table 1 summarizes the
main characteristics of those components.

The mass flow rate and the power consumption of both compressors
have been modeled using a third-degree equation of ten coefficients,
according to the ANSI/ARHI Standard 540-2015 [35].
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Table 1

Main components of the cycle and their characteristics.

Equipment  Manufacturer = Model Technical info
CO,, cycle Evaporator Swep B8Tx26P A = 0.552 m?
Compressor  Dorin CD 300H V = 1.46m3A-h~!
Gas cooler Swep B16x34P A=131m?
THX Swep B17x4P A = 0.082 m?
BPV Carel E2V11 k,=0.042m>h!
EEV Carel E2V24 k,=0.18 m>h*
Subcooler Swep B18Hx20 A =0.738 m?
R1234yf Evaporator
cycle
Compressor  Copeland YHO4K1E V = 5.76m3A-h!
Condenser Swep BX8THx16 A = 0.322 m?
EEV Danfoss ETS 6-25 k,=0.164m3h!

Since the CO, compressor is a transcritical one, those polynomials
take the evaporation temperature and the gas cooler pressure as inde-
pendent variables:

x=Ci+ GAT, + CApy + CAT + CA-TApy + CoAp,

L CAT + CAp AT + GAT AL +Cohpl, ®
where x is the dependent variable (m, or W;), T. is the evaporation
temperature (in °C), pg is the gas cooler pressure (in bar), and the
adjustment coefficients, C;, depend on the variable considered and can
be obtained from Dorin Software [36].

The coefficients are only provided for a superheating degree on 10 K,
according to the European Standard EN 12900:2013 [37], so different
corrections had been tested in previous works [3], including the
Dabiri&Rice correction [38], in order to take into account the decrease
in the fluid density when the superheating increases. The final expres-
sion used here is an experimentally obtained equation in the form:

x=(p,/p)A [c, + CAT, + CApy + GAT + CAT,Ap,
. . L o . 4
+ CoAp, + CIATS + CsApyc ATE + CoA-T,Ap2 + CroA-pl,

where the adjustment coefficients, C;, are not those provided by the
manufacturer but calculated by polynomial regression to more than
6000 experimental points obtained during transient conditions with gas
cooler pressure ranging from 50 to 111 bar and water temperature at the
inlet of the evaporator ranging from 5 to 20 °C [32]. Fig. 2 shows the
adjustment obtained, with the values of the mean absolute relative
difference (MARD), and the values of the coefficients C;, for both, the
mass flow rate, and the compressor power input. Although in general the
adjustment is very good, under certain conditions the deviation can
reach maximum values of 21.76% for W,, and 14.47% for m,.

In the case of the R1234yf compressor, the software allows person-
alizing the superheating degree to obtain the adjustment coefficients.
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Those coefficients were obtained for a superheating degree of 5 K, which
has been assumed constant in all simulations. The final expression is:

x=C,+ GAT, + CGAT, + CAT? + CsA-T,AT. + CeA-T? + C,A-T?
+ AT AT + CoOA-T,A-T? + CioA-T?
(5)

where x is the dependent variable (m, or W,), T, and T, are the evapo-
ration and condensation temperatures (in °C), and the adjustment co-
efficients, C;, depend on the variable considered and can be obtained
from Copeland Select 8 Software [39] for the desired superheating de-
gree. Since the superheating degree is configurable and this compressor
has not been experimentally tested yet, no experimental corrections
have been considered.

The numerical model assumes for both compressors that all the en-
ergy input is actually turned into useful work that goes to the refrigerant.

Finally, all expansion devices are modeled as isenthalpic, and all heat
exchangers have been modeled by deriving correlations for the evapo-
ration/condensation pressure and heat transfer rate.

In order to obtain the correlations that describe the behavior of each
heat exchanger, two different approaches have been used. The approach
used to model all the heat exchangers of the main CO; cycle is the same
used in previous works [4,33]. It consists of a 1D cell-by-cell dis-
cretization method that divides the heat exchanger into n cells, applies
the energy conservation equation to each cell, and solves iteratively
until convergence in the heat transfer area is reached; further details of
this method can be found in [33]. On the other hand, since the condenser
of the auxiliary R1234yf cycle is a conventional water/subcritical
refrigerant plate heat exchanger, a well-known commercial software,
IMST-ART [40], extensively used by several authors in their research
work [41-46] as a simulation tool to model refrigeration cycle compo-
nents, including different types of heat exchangers, has been used to
obtain condensation pressure and heat transfer rate. The same method
has been used to model the evaporator of the auxiliary cycle for Conf.
F&F*, which also operates as a conventional water/subcritical refrig-
erant plate heat exchanger.

The procedure used to obtain the correlations consist of modeling
each heat exchanger as an independent element that operates under a set
of 19,500 different realistic conditions taken as input for the model.
Although the specific input values depend on the heat exchanger
considered, the method is the same for all of them. Table 2 summarizes
the process followed to obtain the inputs for both, the evaporator and
the gas cooler of the main CO; cycle.

In both heat exchangers, the water inlet temperature and mass flow
rate are taken as inputs of the model, as well as the pressure in the gas
cooler, which can be controlled by a back-pressure valve (BPV). The
refrigerant mass flow rate is calculated from the evaporation tempera-
ture, gas cooler pressure, and superheating, using eq. (5). Although in
the case of the evaporator, the evaporation pressure is in fact output of
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Table 2
Input parameters used to obtain heat exchanger performance curves.
Evaporator Gas cooler
Inputs Tw.e.in,Mw.e,ins My, Arein, SH Twge.ins mwgc.in My, hr.gc.in »Pgc
Outputs Pe hr.gc.oul
Model
inputs
Tw.in 5 data (10-30 °C; AT=5 °C) 5 data (10-50 °C; AT=10 °C)
My.in 5 data (0.1-0.5 kg-s~1; Am=0.1 5 data (0.05, 0.15, 0.3, 0.6, and
kg-s™H) 1kgs™h)
Te - 5 data (Twein —ATe)
Tocout 5 data (Twgcin —ATge) -
Dec 26 data (70-120 bar; Ap=2 bar)
SH 2 data (5&10 K)
SH in IHX 3 data (0, 10, and 20 K)
my Calculated
Rrin Calculated

the model, as a first approximation and in order to calculate the
refrigerant mass flow rate, it is supposed to be known for both, the
evaporator and the gas cooler, assuming a certain temperature differ-
ence between the water entering the evaporator and the evaporation
temperature, which depends on the water mass flow rate, AT, =
f(my,.). In the case of the gas cooler, the same process is used to obtain
the refrigerant inlet enthalpy from the compressor power input, whereas
in the case of the evaporator, that inlet enthalpy is calculated from the
gas cooler pressure and the refrigerant temperature at the outlet of the
IHX high-pressure side. To obtain the temperature of the refrigerant at
the gas cooler outlet, a certain temperature difference between the
refrigerant leaving the gas cooler and the water entering the gas cooler
was assumed, which again, depends on the water mass flow rate, AT, =
f(Myg). Finally, the temperature at the IHX high-pressure side outlet is
obtained from an energy balance in the IHX, assuming a certain effi-
ciency for the IHX.

Once both the evaporator and the gas cooler have been modeled,
their outputs (refrigerant mass flow rate and enthalpy at low and high-
pressure side outlet) are taken as input to model the IHX.

When all the heat exchangers are properly modeled, they are inte-
grated, jointly with the compressor and the expansion valve in a global
model for the whole CO, transcritical cycle. This model, corresponding
to Conf. A, has already been validated with experimental results in
previous works [4].

A similar procedure is used to obtain the correlations for the evap-
orator and the condenser of the R1234yf cycle. When all the components
of the DMS system are modeled, they are joined in a model for the global
CO2-DMS cycle built up in MATLAB, which is used to obtain the results
presented in the following section.

As an example, the flowchart for the numerical model of Conf. E* has
been detailed in Fig. 3 and will be explained in detail in the following
paragraphs. The enumeration of all points corresponds to the numera-
tion followed in Fig. 1e and Fig. 6e.

1. Start. Read the inputs (pge, Tw,sine Tw,s,0u SH, Tw,eins Tw,e) and
assume an initial value for the evaporation pressure of the main
CO, cycle (pe,coz = 30 bar) and the water mass flowrate through
the gas cooler (1i,gc = 0.33 kg-s™h).

2. Calculate the main CO; cycle evaporation temperature (Tg) as the
saturation temperature corresponding to the evaporation pres-
sure assumed in step 1. Calculate the temperature at the evapo-
rator outlet (T,) by adding the superheating (SH) to Tg.

3. For the first iteration of the loop (i = 1), assume that there is no
IHX (h; = hy). After the first iteration (i greater than 1) take the
enthalpy at the compressor inlet (h;) from the previous iteration.

4. Calculate the actual density at the compressor inlet (p;), and the
rated density, corresponding to a superheating degree of 10 K
according to the European Standard EN 12900:2013.

10.

11.

12.

13.

14.

15.

16.

17.

18.

19.

20.

21.
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. Calculate the refrigerant mass flow rate (mcp2) and the

compressor power input (Wgoz) using equation (4), and the
adjustment coefficients reported in [3] and obtained from cor-
relation of experimental values.

. Calculate the enthalpy at the compressor outlet assuming adia-

batic and steady-state operation of the compressor: hy =
h1+Wcoz/ Mcoz.

. Calculate the temperature at the gas cooler outlet (T3) using its

performance correlations obtained using the procedure described
in previous paragraphs and the values calculated in previous
steps or taken as inputs: T3 = f(h, pgc, Moz, Mw,ge, Tw,ge,in)-

. Calculate the enthalpy at the gas cooler outlet (h3) from its

temperature (T3) and pressure (pgc) using REFPROP and
neglecting pressure drop in the gas cooler.

. Calculate the enthalpy at the low-pressure side IHX outlet (h;)

using its performance correlations obtained using the procedure
described in previous paragraphs and the values calculated in
previous steps: h; = (T3, Ty, mco2)-

Calculate the enthalpy at the high-pressure side IHX outlet (hy)
from the IHX energy balance: hy- hs = hy- hy.

Start de DMS cycle submodel. Read the inputs (i, c= iy, g¢, Tw,c,in
= Tygin, SC = 0, SH = 5 K) and assume an initial value for the
evaporation and the condensation pressures of the DMS cycle (p,,
pms = 3 bar, p;pms = 9 bar).

Calculate the DMS cycle evaporation temperature (T4p) and
condensation temperature (T4p) as the saturation temperatures
corresponding to the evaporation and condensation pressures
assumed in step 11. Calculate the temperature at the evaporator
outlet (T;p) by adding the superheating (SH) to the evaporation
temperature, Ty4p.

Calculate the refrigerant mass flow rate (rp) and the compressor
power input (Wp) using equation (5) and the adjustment coeffi-
cient provided by its manufacturer.

Calculate the enthalpy at the four state points. The enthalpy at 1D
is calculated from its temperature (step 11) and pressure (initial
value assumed at step 11). The enthalpy at 2D is calculated
similarly to step 6. The enthalpy at 3D is calculated from its
pressure (initial value assumed at step 11) and subcooling given
as input in step 11 (SC = 0 K). The expansion valve is assumed
isenthalpic and therefore hyp = hsp.

Recalculate the enthalpy at the condenser outlet (hsp+) and the
condensing pressure (pp+) using the DMS condenser perfor-
mance correlations obtained according to the procedure
described in previous paragraphs and the values calculated in
previous steps or taken as inputs: hzp==f(hap, Mp, My, ¢, Tw,c,ins SC);
pc,D“":f(hZD: mD; mw,c: Tw,c,im SC)-

Calculate the absolute value of the relative errors in the
condenser pressure (errorl) and specific heat transfer rate
(error2): errorl = abs((p.p+Pc,p)/Pc,p*); error2 = abs{[(hsp=
hap)-(hsp-h2p)1/(hsp+hap)}.

Assign a new value for the condensing pressure: p. p=(pc,p++ Pc,
p)/2.

Recalculate the enthalpy at the evaporator outlet (h;p+) and the
evaporating pressure (p.p+) using the DMS evaporator perfor-
mance correlations obtained according to the procedure
described in previous paragraphs and the values calculated in
previous steps or taken as inputs: hjp+=f(hsp, mp, Mmcoz, T4 hs,
SH); pe,p+=f(hyp, Mp, Moz, T4, he, SH, pgc).

Calculate the absolute value of the relative errors in the evapo-
rator pressure (error3) and specific heat transfer rate (error4):
error3 = abs((De,p*Pe,p)/Pe,p*); errord = abs{[(hip+hsp)-(hip-
h4p)1/(hip+hsp)}.

Assign a new value for the evaporating pressure: p, p=(pe,p*+ Pe,
D)/2.

Calculate the error for the DMS cycle (errorDMS) as the
maximum value of the four errors calculated in steps 16 and 19.
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Start: i=1
Read inputs
Assume Pe,coz & Mugc

Pger Tw,ge,in=Tw,s,ins State point numeration according to Figure le

Twsouts SH, Mue, Twein
main CO, cycle IHX low-pressure side outlet/compressor inlet

main CO, cycle compressor outlet/gas cooler inlet

main CO, cycle gas cooler outlet/IHX high-pressure side inlet

main CO, cycle IHX high-pressure side outlet/DMS evaporator inlet (CO; side)
: main CO; cycle DMS evaporator outlet (CO, side)/expansion valve inlet

ain CO, cycle expansion valve outlet/evaporator inlet

7: main CO, cycle evaporator outlet/IHX low-pressure side inlet

oW e

1D: DMS cycle evaporator outlet/compressor inlet
2D: DMS cycle compressor outlet/condenser inlet
3D: DMS cycle condenser outlet/expansion valve inlet
4D: DMS cycle expansion valve outlet/evaporator inlet

=p(pe,coz Te+10)

Compressor model v

DMS system submodel
Start
Assume pep & pep

e Wcoz=f11pe,coz: P1/Prat, Pgc)
Mcor=Fa(Pe,coz P1/Prats Pec)

e hy=h1+Weop/cos

T3p=T(pc,0, x=0)
P Tuo=T(pe,p, x=1)
T1p=Tap+SH

Gas cooler model <
Ta=f3(h2, Pee, Moz, Muge Twgein) [
e hs=h(pg, Ts)

IHX model
h1=f4(T3, T7, coa)

(10] hazhy(hrhy)

hip, hsp ¢ —

C

ompressor model
Wo=fe(Pe,o, P,0)

Mp=F7(Pe,o, Pc,0)

hip=h(pe,o, T=T1p)
hap=hip+Wo/mp
h3p=h(pc,o, x=0)

hap=h3p

Condenser mode|
o/t h3p+=fg(h2p, Mo, Muc, Tw,cins SC
@ hs=hs-(mo/Mcoa)x(h1p-h3p) ‘ 30+=fa(h2p, Mo, Mue, Tugins SC)

Pe,o*=fa(hap, Mp, Mye Tuwein SC)

v

error1=abs((peo-Peol/Peor) ‘

error2=abs{[(h3p-h2p)-(hap-h2p)]/(h3p+-hap)}
Evaporator model
Pe,coz=fs(he, Mcoz, Muse, Tw,e,ins SH)

error=abs((pe,coz*-Pe,coz)/Pe,coz)

Q Pco=(Pc,o*+Pc,0)/2

Evaporator model
hip==f1o(hap, Mo, ha, Ta, Moz, SH)
Peo+=f11(hap, Mo, ha, T, Mcoz, Pge, SH)

v

error3=abs((pe,o+-Pe,0)/Pe,0%) ‘
Tuws.out=Twsint [Mcox(ha-h3)+mpx(hyp-h3p)1/[4180- (M, gt My, )] errortoatel{Co-huey bl o o)

Pe,co2=(Pe,co*Pez,co2)/2
i=i+1

error<0.01

errorT>0.01

errorT<-0.01

Fig. 3. Flowchart for Conf. E*.
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Fig. 4. Model validation for Conf. A. Comparison between experimental and numerical results for the evaporator heat transfer rate (a), gas cooler heat transfer rate
(b), COP (c), and evaporation pressure (d).

22.

23.

24.

25.

26.

27.

28.

If the maximum error among evaporation and condensation
pressure, and specific heat transfer rate at the evaporator and the
condenser is below 1%, end the DMS cycle submodel and
continue with the main cycle submodel, taking h;p and hsp as
outputs of the DMS cycle submodel. If not, return to step 12 using
the new condensing and evaporating pressures calculated in steps
17 and 20.

Calculate the enthalpy of the CO5 leaving the evaporator of the
DMS cycle/subcooler of the CO; cycle (hs) from the energy bal-
ance of the heat exchanger: mcoz-(hy-hs)=mp-(h;p-hsp).
Calculate the enthalpy at the evaporator inlet assuming that the
expansion valve is isenthalpic (hg = hs).

Recalculate the CO, evaporating pressure (p,,coz+) using the CO2
evaporator performance correlations obtained according to the
procedure described in previous paragraphs and the values
calculated in previous steps or taken as inputs: p, coz+=f(hs, Mco2,
mw,e; Tw,e,in: SH).

Calculate the absolute value of the relative error in the evapo-
rator pressure: error = abs((De,co2+Pe,c02)/Pe,co2+)-

If the error in the CO, evaporating pressure is higher than 1%,
assign a new value for the CO, evaporating pressure, p, co2=(P,
co2++ Pe,co2)/2, make i =i+ 1, and return to step 2, otherwise go
to step 28.

Calculate the temperature of the water leaving the system (T
out*) from the energy balance in both, the CO, gas cooler and the
DMS condenser:

Gas cooler energy balance: ricoz:(ha-h3)=riy, gc-4180-(Ty, g our Tw,
s,in)~

Condenser energy balance: ritp-(hap-hzp)=tity,c-4180-(Ty, ¢ our- Tw,s,
in)-

mw,gc'4180'(Tw,gc,out'Tw,s,in)+mw,c'4180'(Tw,c,out‘Tw,s,in):mw,
3'4180'(Tw,s,out*‘Tw,s,in)
mw,gc:mw,c:(Tw,gc,our'Tw,s,in):(Tw,c,aut’Tw,s,in) :Tw,gc,aut = Tw,c,aut

= Tw,s,out“'r

- mCOZ'(hZ'h3)+mD'(h2D'h3D):(mw,gc+rhw,c)'4l80'(Tw,s,out*'Tw,s,
in)=>

=>Twsour= Twsin + [Mcoz2x(h2-hz)+mpx (hap-h3p)1/[4180- (1,
gc‘th,c)]

Calculate the error in the temperature of the water leaving the
system: errorT = Ty, 5 our-Tw,s,out*

If the temperature calculated is more than 0.01 °C lower than the
desired value (errorT > 0.01), decrease the water mass flow rate a
1% and return to step 7, otherwise go to step 31.

If the temperature calculated is more than 0.01 °C higher than the
desired value (errorT < 0.01), increase the water mass flow rate a
1% and return to step 7, otherwise go to step 32.

Calculate the variables of interest (COP, heat power, etc.) and
stop.

20.

30.
31.
32.

In order to validate the method, Fig. 4 shows the comparison of the
results obtained for Conf. A using the numerical method presented,
against more than 6000 experimental points obtained during transient
conditions with gas cooler pressure ranging from 50 to 111 bar and
water temperature at the inlet of the evaporator ranging from 5 to 20 °C
[32]. The figure includes results for the evaporator heat transfer rate
Qg F ig. 4a), the gas cooler heat transfer rate (Qgc; Fig. 4b), the efficiency
of the system (COP; Fig. 4c), and the evaporation pressure (Pg; Fig. 4d).
Although there are some points that present deviations over 10%, in
most cases the difference between experimental and numerical results is
lower than 10%, with MARD values ranging from a minimum value of
6.12% for the evaporation pressure to a maximum of 8.37% for the COP.
Numerical results are strongly influenced by the accuracy of the model
used to describe the behavior of the compressor. The correlations used to
predict the compressor mass flow rate and power input have MARD
values of 2.36% and 2.18% respectively, although under certain oper-
ating conditions, can reach values higher than 20% for the power input,
which could explain the differences shown in Fig. 4.
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4. Results and discussion

This section presents and discuss the main results obtained using the
model described previously.

4.1. Influence of the configuration

Fig. 5 shows the relationship between the COP and the gas cooler
pressure during hot water generation for space heating at an interme-
diate temperature according to the EN-14511-2 standard [47], (the gas
cooler water inlet/outlet temperatures are 40/45 °C). The results have
been obtained for a water temperature of 15 °C at the evaporator inlet,
evaporator water mass flow rate of 0.33 kg-s™!, and ten different con-
figurations, corresponding to those represented in Fig. 1.

The results presented in Fig. 5 are in good agreement with those
presented by other researchers. The maximum COP for Conf. E is 3.16,
which is slightly lower than the results obtained by Dai et al. [24], who
reported a COP of around 3.4 during hot water generation at 40/45 °C
and ambient temperature of 15 °C using what they called DDMS, which
is similar to Conf. E. For the same operating conditions, the maximum
COP obtained for Conf. B is 3.18, which is also slightly lower than the
COP of 3.4 reported by He et al. [28] using what they called BSwgc,
which is almost the same configuration as Conf. B. In He et al. [28]
BSwrc system, the water flows first through the condenser of the
R1234yf cycle and then through the gas cooler of the CO; cycle, whereas
in Conf. B the order is the opposite. When the water flows first through
the condenser of the auxiliary cycle, there is a decrease in the subcooling
effect, which affects negatively the main CO; cycle, but also a reduction
in the condensation temperature that affects positively the auxiliary
R1234yf cycle. According to the results obtained for Conf. C&C* and
Conf. D&D*, it seems that globally, this effect has very little influence on
the overall COP of the system and does not explain the deviation be-
tween the results obtained by previous researchers and those presented
in Fig. 5; that deviation could be related to the differences in the models
used for the compressors or the heat exchangers.

When the DMS is combined with an IHX, the efficiency of the system
improves, although that improvement only is important when the CO5
passes first through the IHX and then through the evaporator of the DMS
cycle (Conf. D&D*). When the order is reversed (Conf. C&C*) the results
are similar to those obtained without IHX (Conf. B), although the effi-
ciency improves at low gas cooler pressure (below optimal pressure).
Despite He et al. [28] reported a slight improvement in the COP when
the water flow is divided (what they called Pyrgc), the results obtained
for Conf. E are almost exactly the same as those obtained for Conf. B, and
the results for Conf. E* are similar or even slightly worse than those of
Conf. D and Conf. D*.

Another important aspect that must be taken into account is that

55
-— ° — —_ o
50 Twe,in=15°C Tw,gc,in/out_40/45 C
45
- T T -
40 P S -
-—— - - =~ - -
035
o - e —
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20 F — = Conf.C Conf. C*
= = Conf.D Conf.D*
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Pgc [bar]

Fig. 5. COP vs gas cooler pressure for the ten configurations considered during
intermediate temperature hot water generation and a fixed water temperature
of 15 °C at the inlet of the evaporator.
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although both, Dai et al. [24], and He et al. [28] reported that the use of
a DMS system improves the efficiency of the base cycle, they compare
their improved DMS cycles to base cycles that do not include any sub-
cooling method. According to the results presented in Fig. 5, when a
cycle including a DMS system is compared to a base cycle that includes
an IHX as a subcooling method, in most cases the DMS is not able to
improve the efficiency of the base cycle. Only an indirect DMS system
(Conf. F) is capable to improve the efficiency of the base cycle (Conf. A)
without the necessity of including an additional subcooling method,
showing an improvement of 15% in COP and 168% in heating capacity,
and a decrease of 6 bar in the optimum gas cooler pressure. When this
system is combined with an IHX as an additional subcooling method
(Conf. F*, not studied previously by other authors) the efficiency im-
proves (26% increase compared to Conf. A; almost 8.5% increase
compared to Conf. F) while the heating capacity remains almost con-
stant (163% increase compared to Conf. A, less than 2% decrease
compared to Conf. F), and the optimum gas cooler pressure decreases (8
bar lower than Conf. A, 2 bar lower than Conf. F).

Fig. 6 helps to better understand the differences among the config-
urations studied.

Fig. 6a shows the T-s diagram of Conf. A, which corresponds to a
typical transcritical CO» cycle with IHX. The high-pressure CO, that
leaves the gas cooler at point 3¢oy enters the IHX and lowers its tem-
perature until it reaches point 4¢oy, while exchanging heat with the low-
pressure CO» that exits from the evaporator at point 6¢oz and is heated
until it reaches point 1¢og. For this configuration, the water is heated up
exclusively in the gas cooler, and the compressor power input represents
the only energy consumption of the system.

Fig. 6b shows the T-s diagram of Conf. B, corresponding to a tran-
scritical CO, cycle with DMS and without IHX. In this case, the CO4
leaving the gas cooler at point 3¢p2 enters the DMS evaporator where it
is cooled until it reaches point 4¢os. The water is heated up in both, the
gas cooler of the main cycle, and the condenser of the DMS cycle, and the
energy consumption is the sum of the power absorbed by the CO, and
the DMS compressors. As can be deduced from the results presented in
Table 3, the heat transfer rate in the evaporator for Conf. B is clearly
higher than for Conf. A, which leads to a lower evaporation temperature.
Since the optimal gas cooler pressure is the same for Conf. A and Conf. B
(see Fig. 5 and Table 3), and the evaporation temperature is lower for
Conf. B, both the compressor isentropic efficiency and the COP of the
main CO; cycle are lower for Conf. B. Given that the evaporation tem-
perature of the DMS cycle is also relatively low, the COP of the DMS
cycle does not compensate for the low COP of the main CO; cycle,
leading to a lower overall COP for the whole system.

Fig. 6¢ shows the T-s diagram of Conf. C, which corresponds to a
transcritical CO; cycle with DMS and with an IHX located after the DMS
evaporator. As Fig. 6¢ shows, for the operating conditions represented,
the temperature of the CO; leaving the evaporator of the DMS cycle at
point 4¢o2 is only slightly higher than the temperature of the CO;
leaving the evaporator of the main CO; cycle at point 7¢oz. Therefore, in
this configuration the IHX has very little impact on the efficiency of the
system and the overall efficiency of the system is almost the same as for
Conf. B. The T-s diagram of Conf. C*, not included in Fig. 6, is very
similar, with a higher gas cooler pressure and a lower DMS condenser
pressure.

Fig. 6d shows the T-s diagram of Conf. D, which corresponds to a
transcritical COz cycle with DMS and with an IHX located before the
DMS evaporator. Since the CO, enters the IHX as soon as it leaves the gas
cooler, the enthalpy change in the IHX is similar to that of Conf. A. On
the other hand, since the CO enters the evaporator of the DMS cycle at a
lower temperature, the subcooling effect in the DMS evaporator is
slightly lower than that of Conf. B and the evaporation temperature of
the DMS cycle is also lower. Nevertheless, the subcooling effect in the
DMS evaporator is around three times the subcooling effect in the IHX.
Similarly to what happens in Conf. B and Conf. C, the enthalpy of the
CO4, that enters the evaporator of the main cycle is very low, leading to a
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Fig. 6. Temperature-entropy diagrams for some of the configurations studied at hot water inlet/outlet temperature of 40/45 °C, fixed water temperature of 15 °C at

the inlet of the evaporator, and optimal gas cooler pressure.

lower evaporation temperature and a lower COP of the main cycle.
Consequently, the overall COP although better than for Conf. B and
Conf. C is still worse than for Conf. A. The T-s diagram of Conf. D*, not
included in Fig. 6, is very similar, with a higher gas cooler pressure and a
lower DMS condenser pressure.

Fig. 6e corresponds to Conf. E* and, as it can be seen, the T-s diagram
is very similar to that of Conf. D. The only difference between Conf. D
and Conf. E* is that the water flow is divided into two streams, half of the
flow goes to the gas cooler of the main cycle and the other half goes to
the condenser of the DMS cycle. Despite the water entering at a lower
temperature, the condensation temperature of the DMS cycle is slightly
higher than for Conf. D due to the lower water flowrate. On the whole,
the difference between both configurations is very little, and, as well as
the T-s diagram, the COP is also very similar. The T-s diagram of Conf. E,
not included in Fig. 6, is very similar to that corresponding to Conf. B.
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Fig. 6f shows the T-s diagram of Conf. F*, corresponding to a tran-
scritical CO cycle with IHX and indirect DMS. The T-s diagram of the
main COz cycle is very similar to that of Conf. A, in fact, the evaporation
temperature is almost the same but, since the water enters the gas cooler
at a lower temperature because of the cooling in the evaporator of the
DMS cycle, the temperature of the CO; leaving the gas cooler is lower,
and therefore the optimal gas cooler pressure is clearly lower than in
Conf. A and, consequently, the COP of the main CO; cycle is higher than
in Conf. A. On the other hand, the T-s diagram of the DMS cycle is very
different from all the other configurations. Since the water that is going
to be heated up enters both, the evaporator and the condenser of the
DMS cycle, the evaporation temperature of that cycle is clearly higher
than in the rest of the configurations. Although the condensation tem-
perature also increases due to the increase in the evaporation temper-
ature, that increase is less accentuated and therefore the COP of the DMS
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Table 3
Influence of the configuration at maximum COP gas cooler pressure and 15 °C evaporator water inlet temperature.

Tw, ge,in/out Conf. A Conf. B Conf. C Conf. C* Conf. D Conf. D* Conf. E Conf. E* Conf. F Conf. F*

Q

kw) 10/60 °C 7.68 9.52 9.74 10.26 10.17 9.01 10.00 9.39
30/60 °C 5.61 10.02 9.99 9.83 9.23 8.44 10.09 8.84 12.76 12.81
50/60 °C 4.84 10.25 9.62 9.27 8.17 8.04 10.21 8.18 13.90 13.79
40/45 °C 5.17 10.14 9.84 10.08 8.58 8.53 10.15 8.68 13.85 13.59

Dgc

(bar) 10/60 °C 70 70 70 80 70 80 78 72
30/60 °C 84 78 78 94 78 98 88 86 70 70
50/60 °C 110 108 104 102 100 104 108 100 100 98
40/45 °C 94 94 92 96 90 94 94 92 88 86

Qgc

(%) 10/60 °C 100.00 83.72 83.11 59.67 80.48 73.51 68.27 67.62
30/60 °C 100.00 56.95 57.07 51.23 61.74 63.03 0.00 61.64 55.36 55.21
50/60 °C 100.00 48.96 45.68 39.02 49.76 47.79 47.64 49.74 36.91 35.86
40/45 °C 100.00 53.82 51.81 52.49 55.17 56.68 53.99 58.97 39.60 38.15

COoP

) 10/60 °C 6.08 3.87 3.96 4.02 3.96 4.30 4.34 4.63
30/60 °C 4.40 3.38 3.39 3.23 3.46 3.30 3.50 3.63 5.20 5.31
50/60 °C 2.92 2.50 2.57 2.58 2.65 2.66 2.55 2.73 3.39 3.84
40/45 °C 3.66 3.18 3.20 3.17 3.32 3.29 3.16 3.27 4.22 4.64

cycle is clearly better than in the rest of the configurations studied. In
short, Conf. F* combines the higher COP for both, the main CO; cycle
and the DMS cycle and therefore, the overall COP is the highest of all
configurations studied. The T-s diagram of Conf. F, not included in
Fig. 6, is similar but it includes neither the subcooling from point 3¢oy to
point 4¢o2 nor the superheating from point 6¢p2 to point 1¢o.

Fig. 7 is similar to Fig. 5, but changes the heated water inlet/outlet
temperature. The results presented correspond to three different stages
during domestic hot water (DHW) generation and a fixed water tem-
perature of 15 °C at the inlet of the evaporator. The conclusions that can
be drawn are similar to those obtained from Fig. 5, that is, the use of a
DMS system only improves the efficiency of the base IHX system for
Conf. F and Conf. F*. In fact, according to Fig. 8, it seems that there is a
transition temperature around 22 °C above which Conf. F* is more
efficient than Conf. A, whereas below 22 °C Conf. A is more efficient.
When a DMS system is indirectly coupled to a main transcritical COy
system (Conf. F*), the water that enters the system passes through the
evaporator of the DMS cycle before entering the gas cooler. Therefore, as
Fig. 8 shows, the temperature of the water that enters the gas cooler
decreases, the optimum gas cooler pressure decreases, and the efficiency
of the main COs system increases (COP (CO-) is always higher than COP
(A) in Fig. 8). On the other hand, since the efficiency of the DMS system
is lower than the efficiency of the main CO; system, the efficiency of the
whole system is lowered. In fact, when the water enters the system
below 22 °C, the improvement in the efficiency of the main CO cycle
does not compensate for the low efficiency of the DMS system and the
COP of the whole system using Conf. F* is lower than the COP of Conf. A.
Therefore, during the first stages of DHW generation, the compressor of
the DMS system should remain off until the water temperature reaches a
value around 22 °C, and the three-way valves 3WV-1, and 3WV-2
(Fig. 1f) should be operated to send all the water to the gas cooler
while bypassing the evaporator of the DMS cycle.

The results for Conf. F&F* are not plotted in Fig. 7a because, in order
to increase the water temperature from 10 °C to 60 °C, the water mass
flow rate has to be very low. In those conditions, the evaporation tem-
perature in the DMS cycle is lower than the minimum evaporation
temperature allowed in the code to avoid the freezing of the secondary
fluid. Similarly, some cases are not plotted in Fig. 7b because the solu-
tions found by the code violate the restrictions imposed (for example,
the difference between the water temperature at the condenser/gas
cooler outlet and the refrigerant at the compressor outlet is lower than
the minimum allowed value).

The results presented in Fig. 5 and Fig. 7 for the efficiency are
summarized in Table 3, along with the results obtained for the total
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heating capacity and the percentage of the total capacity supplied by the
gas cooler of the main CO3 cycle. Taking as reference the results for the
system water inlet/outlet temperatures of 40/45 °C, although the basic
transcritical CO5 cycle with IHX and without DMS provides better effi-
ciency than all direct DMS cycles (COP of 3.66 for Conf. A; COP from
3.16 to 3.32 for Conf. B to Conf. E*), the total heating capacity is clearly
lower (5.17 kW for Conf. A; between 8.53 kW and 10.15 kW for Conf. B
to Conf. E*). On the other hand, indirect DMS systems (Conf. F and Conf.
F*) not only provide higher heating capacity (13.85 kW and 13.59 kW
respectively; 168% and 163% increase), but also better efficiency (COP
of 4.22 and 4.64; 15% and 27% improvement).

Fig. 9 summarizes the variation in the total capacity, the COP, and
the optimum gas cooler pressure (in parts per unit) compared to the base
cycle (Conf. A) for all configurations studied.

4.2. Influence of the auxiliary compressor capacity

A key aspect to maximize the efficiency of a transcritical CO2 heat
pump with DMS is to find the optimum subcooling degree that, in most
cases, has not been quantified [6]. The subcooling degree achieved using
a DMS system is directly related to the cooling capacity of the DMS
system, which mainly depends on the refrigerant mass flow rate deliv-
ered by its compressor.

The influence that the capacity of the auxiliary compressor has on
the efficiency of the system has been investigated by varying the
compressor speed. The compressor available in the experimental facility
and simulated in this work is not a variable speed compressor, and the
manufacturer’s software only provides its performance at nominal
speed, whereas, for variable speed compressors, the software provides
performance curves in the form:

x=Cy+CAT,+CAT, +CiAv+ CsAT,AT, + CAT,Av
+ CIAT AV + CoA-T? + CoA-T? + CypA? + C A T,A-T A
+CATAT, + C3A-T* A+ CuA-T? + CisA-TA-T?
+ Ci6A-T2Av + CAT? 4+ CisA-T, AV + CroA-T.AV + CrA?

(6)

where x is the dependent variable (cooling capacity, Q,, or power input,
W;), T. and T, are the evaporation and condensation temperatures (in
°C), v is the compressor speed (in rpm), and the adjustment coefficients,
C;, depend on the variable considered and can be obtained from Cope-
land Select 8 Software.

In order to simulate the efficiency of the system when the compressor
speed varies, a variable speed compressor of similar nominal displace-
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Fig. 7. COP vs gas cooler pressure for the ten configurations considered for
three different stages during DHW generation and a fixed water temperature of
15 °C at the inlet of the evaporator.

ment has been selected (Copeland ZHW0302; V = 5.3m3A-h™1). Then,
its mass flow rate (obtained from the cooling capacity) and power input
has been calculated for eleven different compressor speeds (from 900 to
6900 rpm), seven different evaporation temperatures (from —10 to
20 °C), and seven condensation temperatures (from 30 to 60 °C). Using
those data, mass flow rate and power input modifier curves have been
obtained. Those curves are normalized to 1 at nominal compressor speed
(3600 rpm). The output of those curves is multiplied by the mass flow
rate (or power input) to give the mass flow rate (or power input) at a
specific compressor speed. The results obtained from that procedure are
the modifier curves for the mass flow rate (F;), and the power input (F5):

F;=—0.05639904—0.000176344A-T,—0.000156035A- T, +0.000294627A v
(7)
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the gas cooler (T.gin) against the temperature of the water that enters the
system (T, s,in) for Conf. A and Conf. F* at a fixed water temperature of 15 °C at
the inlet of the evaporator.
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Fig. 9. COP and total heating capacity variation respect to the base cycle (Conf.
A) for all configurations studied.

F>=0.030315003+0.001376794A-T, —0.002322145A-T.+0.000306503A v
8

where the coefficient of determination is R?> = 0.9997 for F;, and R? =
0.9962 for F,.

The same modifier curves have been assumed to be applicable to the
compressor simulated, assuming the same speed operation range
(900-7020 rpm). Therefore, the final model adopted for the R1234yf
compressor is:

iy = FiA-[C) + GAT, + GAT, + CAT? + CsA-T AT, + CeA-T?

. O PO . ©)
+ CA T + CGATAT: + CoA-TAT? + CioA-T,
W, = FoA-[Dy + D,AT, + DsA-T, + DyA-T? + DsA-T,A-T, + DgA-T?
+D7AT? + DsA-T.A-T? + DyA-T,A-T? + D1pA-T?]
(10)

Fig. 10 shows the results obtained using this model to analyze the
influence of the auxiliary compressor speed for two different water flow
configurations (Conf. E* and Conf. F*). According to the results pre-
sented, the influence of the compressor speed (and therefore, the
compressor cooling capacity) is strongly dependent on the water flow
configuration.

The results for Conf. E* show that the maximum COP is obtained for
the lower compressor speed, which is in good agreement with what
Nebot-Andrés et al. [48] found in a similar configuration, although
operating as a refrigeration plant. Although the maximum efficiency is
obtained for the minimum speed (900 rpm), the difference with the next
speed simulated (1500 rpm) is lower than among the other speeds
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Fig. 10. Influence of the compressor speed during intermediate temperature
hot water generation and a fixed water temperature of 15 °C at the inlet of
the evaporator.

simulated, and the optimum gas cooler pressure increases, so it seems
that even if the speed could be lower, the optimum value should be
around 900 rpm.

According to other results provided by the model and not included in
the figures presented, a variation in the auxiliary compressor speed af-
fects mainly the evaporation pressure of the DMS cycle, which clearly
increases as the speed decreases. There is also a decrease in the
condensation temperature, but much weaker than the increase in the
evaporation temperature. Finally, as the compressor speed increases, the
cooling capacity of the auxiliary cycle increases, and thus the enthalpy
at the inlet of the main evaporator decreases, producing a slight decrease
in the evaporation temperature of the main cycle that worsens its effi-
ciency. Therefore, a decrease in the compressor speed produces a strong
improvement in the auxiliary cycle efficiency and a slight improvement
in the main cycle efficiency, improving the overall efficiency, although
decreasing the total heating capacity.

The results for Conf. F* are clearly different. It seems that there is an
optimum speed around 2700 rpm, although low increases or decreases
around that value have little impact on the overall efficiency. Below
2100 rpm, and over 3300 rpm, the efficiency clearly decreases. There-
fore, using this configuration, the optimum auxiliary compressor ca-
pacity is similar to the actual capacity of the compressor simulated and,
in fact, the heating capacity of the auxiliary cycle represents around 55%
of the total heating capacity of the system. On the other hand, in Conf. E*
the auxiliary compressor should be clearly smaller in order to optimize
the overall efficiency and the heating capacity of the auxiliary cycle
represents only around 20% of the total heating capacity of the system.

The influence of a variation on the auxiliary compressor speed is
clearly different for Conf. F*. Although associated with a decrease in the
compressor speed, there is also an increase in the evaporation temper-
ature and a decrease in the condensation temperature, the influence is
inverted compared to Conf. E*. The change in the evaporation
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temperature is much weaker whereas the change in the condensation
temperature is much stronger. There is a point in which the improve-
ment in the auxiliary cycle operating conditions do not compensate for
the decrease in the efficiency of the compressor and therefore the DMS
cycle presents its optimum efficiency at 1500 rpm. Whereas the COP and
the heating capacity of the main cycle are almost constant, in the
auxiliary cycle both variables are strongly dependent on the compressor
speed and, as a result, the optimum efficiency for the whole system is
reached at a compressor speed higher than the optimum speed for the
auxiliary cycle.

4.3. Influence of the distribution of the water flow

All results presented for Conf. E&E* and Conf. F&F* have been
calculated assuming that the water mass flow rate sent to the gas cooler
is the same as the mass flow rate sent to the auxiliary cycle condenser.
Fig. 11 analyzes the influence that the distribution of the water mass
flow rate has on the efficiency of the system, where the legend (X/Y)
means X% of the total flow sent to the gas cooler, Y% sent to the
condenser.

The results for Conf. E* show that when the water mass flow rate
fraction sent to the gas cooler is around 35% of the total, the system
reaches its maximum efficiency. The mass flow rate fraction has the
opposite effect on the auxiliary and the main cycle. An increase of the
fraction sent to the gas cooler implies a decrease of that sent to the
condenser of the auxiliary cycle and produces an increase in the auxil-
iary cycle condensation temperature and a decrease in its evaporation
temperature, worsening the efficiency of the auxiliary cycle. On the
other hand, when the mass flow rate flowing through the gas cooler
increases, the refrigerant temperature at the gas cooler outlet decreases,
and the efficiency of the main cycle improves. For a mass flow rate
fraction sent to the gas cooler of around 45%, the system reaches a point
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Fig. 11. Influence of the water mass flow rate fraction during intermediate
temperature hot water generation and a fixed water temperature of 15 °C at the
inlet of the evaporator.
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in which the gas cooler is operating at its maximum efficiency, and an
increase in the mass flow rate does not produce a decrease in the
refrigerant outlet temperature. From this point, the efficiency of the
main cycle remains constant. As a result, the system presents an opti-
mum for a mass flow rate fraction of around 35%.

As Fig. 11 shows, when the system operates on Conf. F* the influence
of the mass flow rate fraction is different. The lower the mass flow rate
sent to the gas cooler of the main cycle, the highest the efficiency of the
whole system. For this configuration, an increase in the fraction sent to
the gas cooler implies an increase in the fraction sent to the auxiliary
cycle evaporator, which has a beneficial effect on the auxiliary cycle
COP, and a decrease in the fraction sent to the auxiliary cycle condenser,
which has a negative effect on the auxiliary cycle COP. The increase in
the condensation temperature is slightly higher than the decrease in the
evaporation temperature and, additionally, it has a stronger impact on
the compression rate. Consequently, an increase in the mass flow rate
fraction flowing through the gas cooler produces an increase in the
compression rate of the auxiliary cycle and a decrease in its efficiency.
When the fraction sent to the gas cooler increases, the temperature of the
water leaving the evaporator of the auxiliary cycle increases slightly, but
this effect is compensated by the increase in the efficiency of the gas
cooler and has very little impact on the temperature of the refrigerant
leaving the gas cooler. As a result, the efficiency of the main cycle re-
mains almost constant. Since the COP of the main cycle is almost con-
stant and the COP of the auxiliary cycle clearly worsens, the COP of the
whole system also decreases as the mass flow rate fraction sent to the gas
cooler increases.

4.4. Influence of the main cycle evaporation temperature

Fig. 12 shows the influence that the temperature of the water
entering the evaporator of the main cycle has on the efficiency of the
whole system. As well as for all the results previously presented, results
plotted in Fig. 12 were obtained for an evaporator water mass flow rate
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Fig. 12. Influence of the water temperature at the inlet of the evaporator.
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of 0.33 kg-s ™.

As expected, an increase in the water temperature produces an
improvement in the efficiency of the main cycle that has a positive effect
on the efficiency of the whole system for both, Conf. E* and Conf. F*. It
can be also noticed that, although not very important, the evaporation
temperature has an impact on the optimal pressure of the gas cooler. As
Fig. 12 shows, as the water temperature increases, the optimal gas cooler
pressure increases too in both configurations.

5. Conclusions

This work explores different configurations of CO, transcritical heat
pump cycles coupled to IHX and DMS for hot water generation. The
numerical model is briefly described and then the results obtained at
different operating conditions are presented and analyzed in order to
compare their performance. Whereas most previous works compare
their results to a base cycle that not use any subcooling method works,
this study takes as base system for comparison a transcritical CO; system
that already includes an IHX as subcooling system. This system has been
chosen as base cycle because of its relatively low cost, its simplicity, and
its proven capacity to improve the performance of transcritical CO;
systems under very different operating conditions.

The numerical results show that the way in which the water is
distributed among the main and the auxiliary cycle has an important
influence on the efficiency of a CO5 transcritical heat pump coupled to a
DMS system. In fact, in most cases, the use of an IHX is preferred over a
DMS system, and only when the coupling between both cycles is per-
formed by the water flowing first through the evaporator of the auxiliary
cycle and then through the gas cooler of the main cycle, there is an
improvement in the efficiency. A new configuration, not studied previ-
ously by other researchers, which combines indirect DMS and IHX has
been proposed as the best solution, combining the best efficiency with
almost the highest heating capacity and the lowest gas cooler optimum
pressure.

The main results can be summarized as follow:

For all conditions simulated, the use of direct DMS systems, whether

the DMS is the only subcooling method or it is combined with an IHX,

produces an increase in the total heating capacity of the system, but a

decrease in the overall efficiency, when compared to the base

configuration of CO5 cycle with IHX and without DMS.

e The use of indirect DMS systems (Conf. F & Conf. F*) provides an

increase in both, the efficiency and the heating capacity, as well as a

decrease in the optimum gas cooler pressure compared to the base

configuration of CO cycle with IHX and without DMS.

Indirect DMS system without IHX (Conf. F) improves the efficiency of

the base cycle by 16.5% on average, with an average increase of

160% in heating capacity and a reduction in the gas cooler optimum

pressure.

e The performance of indirect DMS systems can be improved by
including an IHX as an additional subcooling method (Conf. F*). The
results obtained show, compared to the indirect system without IHX,
an average increase of 8.5% in the COP, with similar heating capacity
(average decrease lower than 1%) and even lower gas cooler opti-
mum pressure (between 0 and 2 bar of reduction depending on the
operating conditions studied).

o The use of indirect DMS systems is only recommended if the water to

be heated enters the system at a temperature above 22 °C approxi-

mately; below that temperature, the base system with IHX and
without DMS provides better efficiency. Therefore, in space heating
applications, the indirect DMS system is always recommended,
preferably with IHX (V1 closed, V2 and V3 opened in Fig. 1f; Conf.

F*), whereas in DHW generation applications is recommended a

system capable to switch between the base cycle and an indirect DMS

system with IHX. That kind of system corresponds to the layout
proposed in Fig. 1f, which allows switching between Conf. A and
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Conf. F* by activating or deactivating the compressor and acting on
the three-way valves represented in that figure.

The influence that the size of the compressor used in the auxiliary
cycle has on the efficiency of the whole system has been analyzed by
varying the auxiliary compressor speed. The results show that this
parameter has an important impact. Although the optimum
compressor capacity depends on the configuration used, and for most
configurations, the optimum efficiency is obtained when the capacity
of the auxiliary compressor is lower than that of the main
compressor, in the case of the best efficiency configuration (Conf. F*)
the optimum efficiency is obtained when the capacity of the auxiliary
compressor is similar or slightly lower than that of the main
compressor (depending on the operating conditions, the percentage
of the total heating capacity of the system generated in the condenser
of the auxiliary cycle varies from 65% to 45%).

In those configurations in which the water is divided into two
different streams, the percentage of water sent to each heat
exchanger also has an important influence on the efficiency of the
system. Although this influence also depends on the configuration
used, in general terms the optimum efficiency is obtained when the
water flow is sent predominantly to the auxiliary cycle.
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