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Preface to ”Advances in Bearing Lubrication and

Thermal Sciences”

Bearings are regarded as the “joints“of machines and are the most widely used mechanical

components, which directly affect the safe and stable operation of major equipment. During

high-speed and heavy-load operation, friction and heat generation increase between rolling elements,

cages, and rings. Therefore, in the analysis and evaluation of many bearing properties, “thermal

science“has always been regarded as one of the core issues of rolling bearings. Statistics show that

about 80% of the failures of rolling bearings are caused by local heating problems. At this time,

lubrication technology is becoming the key to reducing bearing friction and wear, enhancing bearing

heat dissipation, and extending bearing life.

Over the last century, significant research has been carried out on various aspects of bearing

thermal analysis and corresponding lubrication techniques. However, as bearing speeds continue to

increase, complex operating conditions present more challenges for bearing thermal analysis. At the

same time, the continuous cross-integration of materials, sensors, big data, and emerging technologies

have led to the continuous expansion of bearing lubrication technology.

This reprint focuses on the hot issue of bearing lubrication and thermal analysis, and brings

together many cutting-edge studies, such as bearing multi-body dynamics, bearing tribology, new

lubrication and heat dissipation structures, bearing self-lubricating materials, thermal analysis of

bearing assembly process, bearing service state prediction, etc.

Ke Yan

Editor
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Abstract: Cage stability directly affects the dynamic performance of rolling bearing, which, in turn,

affects the operating state of rotating equipment. The random collision between the rolling elements

and the cage pocket is the main reason for cage instability. In this paper, from the perspective of the

relative sliding velocity between the rolling elements and the bearing raceway, the interactions of

the rolling elements and the cage pockets were analyzed, and the four zones with different collision

features were defined. On this basis, and on the basis of the bearing dynamics model, the interaction

of two adjacent rolling elements and the cage pockets in the a’–b’ area is discussed, and the peak

impact force of the adjacent two balls and the cage pockets was investigated in terms of the rotation

speed, radial load, acceleration/deceleration, and materials. When the ball runs close to the loaded

zone, the probability of multiball random collision increases, which leads to an increase in the cage

instability. At the entrance of the loaded zone, the peak impact force has the greatest impact on the

cage stability during the acceleration process. Compared to the radial load applied to the bearing, the

peak impact force is more sensitive to the bearing speed changes. The multiball collision analysis

method provides a new idea for the research of cage stability.

Keywords: cage instability; multiball random collision; bearing dynamic model; peak impact force

1. Introduction

Rolling bearing has been widely applied to high-speed rotating systems, such as
aeroengines, high-speed precision spindles, etc. The main reasons for bearing failure
are cage instability and the frictional heating induced by the sliding between the rolling
elements and the raceway [1]. The cage instability may cause large fluctuations in the
bearing torque and can increase the impact force between the cage pocket and the rolling
elements, which finally results in excessive wear, and even in the direct breakage of the
cage and the bearings [2,3].

According to relevant statistics, up to 25% of the bearing failures of aeroengines are
caused by sliding and cage instability [4]. At present, more in-depth research is being
conducted on sliding, while there are few investigations on the dynamic performance of
the cage in terms of the intermittent collision between the rolling elements and the cage
pocket. In the early stages, because of a lack of pertinent theories and immature simulation
technology, cage stability was mainly studied through experiments. First, Kingsbury [5,6]
found that there is a relationship between the cage motion and torque fluctuation in the
instrument bearing, and that cage whirling is mainly caused by the friction between the
balls and the cage. Stevens [7] experimentally analyzed the effects of different lubricants and
cage structural parameters on the cage stability, and found that the cage instability mainly
presented as a radial high-frequency vibration. On the basis of previous experiments,
Genfle [8] found that there are many factors affecting the bearing cage stability, such as the
viscous resistance of the lubricants, the amounts of the lubricants, the cage geometric size,
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and the bearing operating temperature. In the above experimental investigations, it was
observed that some of the structure parameters and operating conditions have a certain
relationship with the bearing cage stability, but the rules of the influence of these factors on
the stability need to be studied further.

With the development of quasidynamics and the dynamics analysis of rolling bearing,
the analytical model has been constantly improved, which provides the possibility for an
analysis of the bearing cage stability. Walters [9] first established the bearing dynamic
model and obtained cage instantaneous speed. Although there was no profound study
on the motion of the cage, the research provided a basis for the development of bearing
dynamics analysis. On the basis of this, many scholars have been studying the factors that
affect cage stability, from different viewpoints. Kannel [10] established a dynamic model
with a low-DOF cage by refining the contact model between the ball and the cage pocket,
and qualitatively analyzed the influence of the cage–land clearance, the ball–cage pocket
clearance, and the lubricant viscosity on the cage stability. Gupta [11–14] established a
6-DOF complete dynamic model, and the influence of the cage–land clearance, the ball–cage
pocket clearance, and the lubricating oil parameters on the cage stability were systematically
studied. By simplifying the dynamic model, Meeks et al. [15,16] improved the model
solving speed. On the basis of the peak impact between the rolling element and the cage
pocket, the structural parameters of the cage were optimized. On the basis of a numerical
simulation model of bearing, the contact state and the deformation between the rolling
element and the cage is discussed in-depth by Houpert [17–20]. In order to analyze the
instability of the cage, Rivera [21] established a simplified mechanical model and compared
the influencing factors on the cage stability, including the sliding velocity between the
rolling elements and the cage, and the sliding velocity between the guide ring and the
cage. In addition, on the basis of a simplified lubricant drug model, Boesiger et al. [22]
established a dynamic model with 2-DOF cage, and a new integral algorithm was employed
to solve it. Through the combination of simulation and experimental analyses, it was found
that the cage instability was highly sensitive to the friction between the rolling element
and the cage pocket. By setting up a simple cage instability model, based on the previous
work, Takashi Nogi et al. [23] further found that the increase in the cage friction coefficient
may cause unstable motion. In addition to the purely rigid bearing dynamic model, a few
scholars have used the commercial dynamic software, ADAMS, to carry out cage dynamic
analysis, and some establish dynamics to analyze the stability of the cage by making the
cage flexible. Sakaguchi et al. [24,25] analyzed the force between the cage pocket and the
rolling elements by using the commercial software, ADAMS, and found that the interaction
force has a large influence on the trajectory of the cage in the export of the loaded zone.
Weinzapfel [26] and Ashtekar [27] established a dynamic model of ball bearing with a
flexible cage by dispersing the cage into a flexible body composed of finite elements, which
showed that the flexible cage significantly reduced the ball–cage pocket force and the time
needed for the bearing to reach a steady state of operation.

From the perspective of experiments and theory, the abovementioned scholars have
carried out relevant investigations into the cage instability under different structural param-
eters and operating conditions, and the rules of the influence of some of the parameters on
the instability were obtained, which is of significance to understanding the cage instability.
However, the current work mainly analyzed the impact factors on the cage stability, while
a further discussion on the cage instability mechanism is lacking. The reason for this is
that the turbulent collision between the rolling elements and the cage pocket presents a
certain degree of complexity and randomness, due to the change in the relative velocity
between the rolling elements and the raceway. To this end, from the perspective of the
relative sliding velocity between the rolling elements and the raceway, the mechanism
of the collision between the rolling elements and the cage pocket was analyzed. Taking
the deep-groove ball bearing as the research object, a dynamic model with a low-DOF
bearing was established. For the collision of the two rolling elements, the cage rotation was
divided into four stages, in which the peak impact force has an important influence on the

2



Lubricants 2022, 10, 9

cage stability when the ball enters the loaded zone. Taking the peak impact force near the
entrance of the loaded zone as the object, the influence of the operating parameters on the
cage instability, such as the rotational speed, radial load, acceleration and deceleration, and
the material of the rolling elements, were all analyzed.

2. Bearing Dynamic Model

In order to establish the cage dynamics model for multiball collision simulation, this
paper simplifies the complex contact and motion relationship of the deep-groove ball
bearing during actual operation, and some assumptions are made, as follows:

1. The motions of the rolling elements, cage, and inner ring are limited to the radial
plane of the bearing, without considering the axial movement;

2. The contact between the rolling elements and the other parts satisfies the Hertz contact
theory without considering plastic deformation;

3. All parts are treated as rigid bodies, and the center of mass coincides with the centroid
during service;

4. The center of the outer ring coincides with the bearing center, which is the coordinate origin;
5. A spring model is set between the rolling element and the cage pocket [19], and the

inner ring rotational acceleration is always constant (100 rad/s2);
6. Only one rotational degree of freedom of the cage is considered. The contact force

between the ball and the pocket is considered, and the friction is ignored;
7. The gap between the ball and the pocket is ignored, and the contact deformation

coefficient between them is treated as a constant value.

2.1. Interaction Force between Bearing Components

The relationship among the bearing’s internal components is described by Figure 1.
The outer ring is fixed, the inner ring rotates at a constant speed, wi, and wc denotes the
angle velocity of the cage. The revolution and rotational speed of the jth rolling element are
wmj and wbj. Moreover, di is the diameter of the inner groove bottom, while the diameter of
the outer groove bottom is do. The pitch diameter of the bearing is dm, which is the mean of di

and do. Dw represents the diameter of the ball. ψj is the orbital angle of the jth rolling element,
and ψcj is the orbital angle of the cage pocket corresponding to the jth rolling element.

Figure 1. The mutual positions between the rolling element and the rings: (a) no loading; (b) loading.

2.1.1. The Force between the Rolling Elements and the Rings

Because of the radial load at operation, the rolling element deforms, which can be
determined by the transient coordinates of the inner ring and the rolling element. Under the

3
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assumption, the mass center, Obj, of the jth rolling elements is (xbj, ybj) at a certain moment,
while the mass center, Oi, of the inner ring is (xi, yi), relative to the bearing center, O.

As shown in Figure 1, the contact deformations between the rolling element and the
inner or outer rings can be expressed as Equation (1) or Equation (2), respectively.

δij =

[
−
∣∣∣OObj −OOi

∣∣∣+
1

2
(di + Dw)

]

+
(1)

δoj =

[∣∣∣OObj

∣∣∣− 1

2
(do − Dw)

]

+
(2)

where the subscript, ‘+’, indicates that, when the value in the bracket is greater than 0,
deformation occurs because of the contact, and when it is less than or equal to 0, it means
that no contact or collision occurs, and the deformation is set to 0.

According to the assumption, the contact between the rolling element and the rings can be
treated by the Hertz contact theory; therefore, the contact force between the jth rolling element
and the inner or outer rings are computed as Equation (3) or Equation (4), respectively:

Qij = Kiδ
1.5
ij (3)

Qij = Kiδ
1.5
ij (4)

where Ki represents the deformation coefficient between the rolling element and the inner
ring, while Ko represents the coefficient between the rolling element and the outer ring [28].

At this time, the oil film traction force between the rolling element and the inner or
outer rings are calculated by the following equations:

Tij = µijQij (5)

Toj = µojQoj (6)

where the coefficient µ of the oil film traction can be calculated as follows:

µ = (A + Bs)eCs + D (7)

The parameters of the lubricating oil are obtained from [29], which include A, B, C,
and D; s represents the sliding–rolling ratio (the ratio of the sliding velocity to the rolling
velocity) at the contact point, s = v/u, as shown in Figure 2, which is calculated as follows:

sij = 2 ·
(
wi − wmj

)
di − wbjDw(

wi − wmj

)
di + wbjDw

(8)

soj = 2 ·
−wmj · do + wbj · Dw

−wmj · di − wbj · Dw
(9)

Figure 2. Velocity analysis between the rolling element and the raceway.

4



Lubricants 2022, 10, 9

2.1.2. The Force between the Rolling Elements and the Cage

During bearings operation, the revolution speed of the rolling element in the non-
loaded zone is slower than in the loaded zone because of the lack of an inner ring traction
force to maintain the speed. Therefore, the rolling elements need to be driven by the cage;
thus, the impact force between the rolling element and the cage pocket is negative. Since
the inner ring can provide sufficient traction in the loaded zone, the revolution speed of
the rolling element increases. At this time, the cage is driven by the rolling element, so the
impact force is positive, as shown in Figure 3.

Figure 3. Interaction between the rolling element and the cage pocket.

In this paper, the spring model is used to simulate the impact force between the rolling
element and the cage pocket [19]. The impact force between the jth rolling element and the
corresponding pocket can be written as Equation (10):

Qcj =

{
0.5Kc

(
ψj − ψcj

)
dm Coliding with the front side of pocket

0.5Kc

(
ψcj − ψj

)
dm Coliding with the rear side of pocket

(10)

where Kc is the deformation coefficient between the rolling element and the cage pocket,
which can be obtained according to [30,31].

2.2. Mechanical Equilibrium Equations

As is shown in Figure 4, the inner ring mainly suffers the contact force and traction
force of the rolling elements, while the cage is mainly subjected to the impact force of the
rolling elements; thus, the quasistatic model of the bearing can be initially established.

Figure 4. Force diagram acting on the bearing element and the inner ring: (a) the jth rolling element;

(b) the inner ring.
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The nonlinear equilibrium equations of the force on the rolling element can be written as:

0 = Qij −Qoj − Fcj + G cos ψj (11)

0 = Tij − Toj −Qcj + G sin ψj (12)

where Fcj is the centrifugal force on the rolling element from [28], and G names the gravity
of the rolling element.

The nonlinear equilibrium equations of the inner ring are as follows:

0 =
Z

∑
j=1

(
−Qij sin ψj + Tij cos ψj

)
(13)

Fr =
Z

∑
j=1

(
Qij cos ψj + Tij sin ψj

)
(14)

where Fr is the radial load acting on the bearing, and Z is the number of balls.
On the basis of quasistatic model, the dynamic model of the bearing is established

considering the bearing dynamic information of each component.
The differential equations of the jth rolling element are given as:

mb
..
rj = Qij −Qoj − Fcj + G cos ψj (15)

1

4
mbd2

m
.

wmj =
1

2

(
Tij − Toj −Qcj + G sin ψj

)
dm (16)

1

5
mbD2

w
.

wbj =
(
Tij + Toj

)
Dw (17)

where mb is the mass of the rolling element; rj represents the vector from the center of the

bearing to the jth rolling element; and
∣∣rj

∣∣ =
√

x2
bj + y2

bj.

The differential equation of the cage is as follow:

1

4
mbd2

m
.

wc =
1

2
dm(Qc1 + Qc2 + Qc3 + · · · · · · · ·+QcZ) (18)

where mc is the mass of the cage, and wc represents the rotational speed of the cage.
The differential equations of the inner ring can be written as follows:

mi
..
xi =

Z

∑
j=1

(
−Qij sin ψj + Tij cos ψj

)
(19)

mi
..
yi =

Z

∑
j=1

(
Qij cos ψj + Tij sin ψj

)
(20)

where mi is the mass of the inner ring, and xi and yi represent the displacements of the
inner ring in the xi direction and the yi direction, respectively.

2.3. Model Solution and Verification

Since the above bearing dynamic model is composed of nonlinear differential equa-
tions with strong nonlinearity, with consideration to the convergence and computational
efficiencies, the fourth-order Runge–Kutta method was employed to solve the equations.
In order to ensure the accuracy of the solution, the Newton–Raphson iteration method
was used to solve the quasistatics model first, the results of which were input as the initial
values of the differential equations. The specific solution process is shown in Figure 5.

6
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Figure 5. Flow chart for the solving process.

From Figure 5, the bearing structural parameters and the working condition that
needed to be solved were input first. Then, the Newton–Raphson iteration method was
used to solve the quasistatic equations of the bearing, namely, Equations (11)–(14). If the
error is greater than the set target value, the initial value is modified so that the equation
can continue to be solved. The result of the solution is taken as the initial value of the
dynamics equations, as long as the error is small enough. The fourth-order Runge–Kutta
method was used to solve Equations (15)–(20), and the motion state of the bearing of each
component at this moment can be obtained. Each calculated time is used to determine
whether the prescribed time was reached. If it was not reached, the solution state of each
part at this moment is taken as the initial value of the next moment. If it was reached, the
simulation analysis results are output.

In order to verify the accuracy, the mathematical results of this model were compared
with the experimental data [32]. According to the experiment conditions [32], the radial
forces were 1500 N and 2100 N, respectively, while the rotational speed of the inner ring
was gradually increased, from 4000 r/min to 10,000 r/min. Then, the correctness of the
model was verified by the sliding rate of the cage, which can be expressed as:

∆wc =

∣∣∣wc − wl
c

∣∣∣
wl

c
× 100% (21)

where wl
c represents the theoretical cage speed, wl

c = ni·(1− Dw/dm)/2, and wc is the actual
cage speed.

As shown in Figure 6, the sliding rate of the cage increases with the increase in
the bearing rotational speed: the greater the radial force, the smaller the sliding rate.

7
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The mathematical and the experimental results are basically the same, which proves the
correctness of the dynamic model proposed in this paper.

Figure 6. Comparison of the mathematical and experimental results: (a) Fr = 1500 N; (b) Fr = 2100 N.

3. Collision Characteristics between the Ball and the Cage

In order to analyze the collision characteristics between the rolling element and the
cage pocket, the deep-groove ball bearing was taken as the research object, of which the
structural parameters are shown in Table 1. The change process of the impact force between
the cage pocket and the rolling element was analyzed, and the influence of the impact force
of the adjacent two rolling elements on the cage stability was further discussed.

3.1. Interaction of a Single Ball and the Cage Pocket

In order to analyze the interaction between the balls and the bearing cage, the bearing
radial load was set as 1500 N, the inner ring initial speed was 3000 r/min, and the angular
acceleration was 100 rad/s2. By solving the dynamics model in the above Section 2, the
contact forces between the ball and the inner/outer rings, and the impact force between the
ball and the cage pocket can be obtained, respectively.
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Table 1. Structural parameters of the 6016.

Name Value

Inner diameter/mm 80
Outer diameter/mm 125
Bearing width/mm 22
Pitch diameter/mm 102.198

Cage outer diameter/mm 108.3
Cage inner diameter/mm 102.448

Cage width/mm 18.3
Number of balls 14

Ball diameter/mm 13.474

Figure 7 shows the changes in the contact forces of the rolling elements. The blue curve
represents the contact force between the ball and the outer ring, the green curve represents
the contact force between the ball and the inner ring, and the red curve represents the
impact force between the ball and the cage pocket. There are some key points on the
collision between the ball and the cage pocket, as seen in Figure 7. The a point is the stable
starting point of the collision between the ball and the rear side of the cage pocket; the
b point is located at the starting point of the loaded zone; the c point is the ending point
of the collision between the ball and the front side of the cage pocket; and the d point is
the starting point of the collision between the ball and the front side of the cage pocket.
When the ball is rotating in the a–b region, the impact force between the ball and the rear
side of the pocket is stable. When the ball is running in the b–c region, the impact force
between the ball and the rear side of the pocket is gradually reduced, and is eventually
converted from the rear to the front. When the ball is located in the c–d region, the impact
force between the ball and the front side of the pocket initially increases, and then decreases.
When the ball is in the d–a region, the magnitude of the impact force between the ball and
the rear side of the pocket changes significantly.

Figure 7. The trend diagram of the contact force and impact.

The above phenomenon is mainly caused by the time-varying relative sliding velocity
between the ball and the raceway, as is shown in Figure 8. The impact force between
the ball and the rear side of the cage pocket is relatively stable when the ball runs in the
a–b zone. This is because, in the nonloaded zone, the contact force between the ball and
the inner raceway is slight. In addition, the interaction of the ball and the outer raceway is
enhanced because of the centrifugal force. The static outer raceway has a braking effect on
the motion of the ball, resulting in an increase in the sliding velocity between the ball and
the raceway. At this stage, the orbital speed of the ball is mainly maintained by the cage,
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which leads to a stable impact force between the rear side of the pocket and the ball. When
the ball is situated in the b–c zone, the contact position of the ball and the cage is gradually
transferred from the rear side of the pocket to the front, and the impact force decreases
as well. This is because the contact force between the ball and the inner ring recovers
and gradually increases, which inhibits the sliding between the ball and the raceway to
a certain extent, resulting in the increase in the ball orbital speed. Eventually, the impact
force between the ball and the rear side of the pocket gradually decreases. When the ball
is in the c–d zone, the impact force between the ball and the front of the pocket initially
increases, and then decreases. This is because the ball–raceway traction force produced by
the contact behavior between the ball and the inner ring inhibits the ball from sliding into
the loaded zone, but the traction force is too small to stop the sliding completely. With the
increase in the contact force, the ball–raceway traction force increases gradually on the left
side of the loaded zone, and the ball orbital speed greatly increases. On the right side of
the loaded zone, the orbital speed of the ball increases slightly because the ball–raceway
traction force decreases gradually as the contact force decreases, which leads to the change
in the impact force between the ball and the front side of the pocket in the loaded zone.
When the ball is located in the d–a zone, the impact force between the ball and the rear side
of the cage pocket changes greatly. This is because the ball–raceway traction force produced
by the contact behavior decreases gradually. Meanwhile, the ball orbital speed has been
increasing in the load region, resulting in the increased magnitude of the ball centrifugal
force, which further aggravates the sliding of the ball. Finally, the above reasons lead to the
collision with the rear side of the pocket, and the magnitude of the impact force is large.

Figure 8. The changes in the ball–raceway contact force and ball sliding.

3.2. Impact Force between Two Balls and the Cage

The impact force between two balls and the cage pockets is discussed in this section.
As is shown in Figure 9, the a’ point occurs where the collision between the front ball
and the cage pocket is converted from the front side to the rear, and the b’ point denotes
that the collision between the back ball and the cage pocket has been converted from the
front side to the rear. The c’ point appears where the collision between the front ball and
the cage pocket is converted from the front side to the rear, and the d’ point means that
the interaction has been converted from the front side to the rear. When both of the two
balls are running in the a’–b’ zone, the impact force between the front ball and the pocket
changes from the rear side to the front, while the back ball maintains the contact with the
rear side. The cage will suffer an impact load because of the opposite collision directions.
When the two balls are located in the b’–c’ zone, the impact force between the back ball and
the pocket changes from the rear side to the front, while the front ball maintains the contact
with the front of the pocket. Meanwhile, the impact direction of the two balls is the same,
and they push the cage forward together. When the two balls are in the c’–d’ zone, the

10
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impact force between the front ball and the pocket changes from the front side to the rear,
while the back ball maintains the contact with the rear side of the pocket. Although the
impact direction is opposite, the impact force of the two balls acts on the same beam of the
pocket, reducing the cage impact load. When the two balls are situated in the d’–a’ section,
the impact force between the back ball and the pocket changes from the front side to the
rear, while the front ball maintains the contact with the rear side of the pocket. At this time,
the direction of the two forces is the same, which is opposite to the cage speed. In summary,
when the two balls are located in the a’–b’ zone, a relatively larger collision occurs on the
cage because of the opposite impact force acting on the different beams, which may have a
significant influence on the cage stability. When the two balls are in the b’–c’ zone, the cage
is pushed by the two balls, which can help to maintain the cage stability. When the two
balls are running in the c’–d’ zone, the impact force decreases, and the stability of the cage
is improved. When the two balls are situated in the d’–a’ zone, the cage is braked by the
two balls because of the opposite impact direction. On the basis of the above analysis, this
paper focuses on the impact force when the two balls are located in the a’–b’ zone.

Figure 9. An analysis of the impact between the two balls and the cage.

4. Influencing Factors Analysis

In order to further investigate the influence of the different factors on the cage stability,
on the basis of the analysis in Section 3.2, the deep-groove ball bearing, 6016, in Section 3,
was taken as the research object. The peak impact force of the rolling elements in the a’–b’
stage was employed as the evaluation index to evaluate the cage stability. After consulting
the relevant design data of this bearing, it was discovered that the basic dynamic capacity of
a rolling element–raceway contact is 47.5 kN. The amounts of 5% and 25% of the bearing’s
basic dynamic capacity were taken as the light-load and heavy-load operating conditions,
respectively, and 1000 r/min, 5000 r/min, and 8000 r/min were taken as the low-speed,
medium-speed, and high-speed, respectively. Factors including the rotational speed and
radial load, the acceleration and deceleration of the inner ring, and the materials of the
rolling element were all analyzed.

4.1. Radial Load and Rotational Speed

In order to analyze the influence of the rotational speed applied to the inner ring and
radial load on the impact force between the ball and the cage pocket in the a’–b’ zone, a
dynamic simulation of the rolling bearing under different speeds and loads was carried
out. Moreover, the change in the peak impact force under the same rotational speed and
different radial loads (or under different speeds and the same radial load) was studied
while the inner ring rotational acceleration was constant (100 rad/s2).
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The change in the peak impact force under the same radial load and different rotating
speeds is shown in Figure 10.

Figure 10. The effect of the rotational speeds on the impact force: (a) Fr = 2375 N; (b) Fr = 11,875 N.

Under the same radial load, with the increase in the rotating speed, the peak impact
force (the impact forces between the balls and the front side of the pocket, and that of
the rear) gradually increases. This is because, with the gradual increase in the rotating
speed, the centrifugal force on the ball gradually increases, and the difference in the contact
force between the inner ring and the outer ring increases during the ball running in the
a’–b’ zone, which results in the increase in the ball sliding. The fluctuation in the ball orbital
speed will finally cause the impact force between the ball and the front side of the pocket
to increase. At the same time, the contact force between the ball and the outer ring in the
unloaded zone increases gradually and is converted into the traction force. Thus, the orbital
speed of the ball decreases in the unloaded zone, resulting in the increase in the impact
force between the ball and the rear side of the pocket.
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The rule of the peak impact force under the same rotating speed and different radial
loads is shown in Figure 11.

Figure 11. The effect of the radial force on the impact force: (a) n = 5000 r/min; (b) n = 8000 r/min.

Under the condition of the same rotating speed, with the increase in the radial load
applied to the inner ring, the impact force increases gradually in the early stage, and then
decreases. This is because, when the load increases in the early stage, it is not enough to
overcome the sliding of the ball in the loaded zone. As the radial load increases, the traction
force increases. Meanwhile, the increase in the radial load means an increase in the loaded
zone, and, finally, an increase in the range of the traction force, which leads to the increase
in the fluctuations of the ball orbital speed and the increase in the impact force. When the
radial load increases to a certain extent, it is enough to overcome the ball sliding. At this
time, with the gradual increase in the radial load, the fluctuation of the ball orbital speed
decreases, resulting in the decrease in the impact force.
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4.2. Inner Ring Speed Acceleration

In order to analyze the influence of the inner ring acceleration on the peak impact force
between the ball and the pocket, a dynamic simulation of the rolling bearing under the
different acceleration conditions was carried out. Moreover, the influence of the different
accelerations on the impact force under a light load, heavy load, and a low rotational speed
(1000 r/min) were analyzed. When the rotational speeds of the inner ring and the radial
load are constant, the speed acceleration applied to the inner ring gradually increases from
50 rad/s2 to 150 rad/s2. The variation curve of the impact force is shown in Figure 12.

Figure 12. The effect of the speed acceleration on the impact force.

When the rotational speed of the bearing is 1000 r/min, the peak impact force between
the ball and the pocket increases with the increase in the inner speed acceleration, regardless
of the light load applied to the inner ring or the heavy load. This is because the increases
in the inner ring acceleration of the inner ring increases while the contact force between
the ball and the inner ring remains unchanged, which aggravates the sliding between the
ball and the raceway. In addition, the coefficient of the traction eventually increases, and it
increases the fluctuation range of the ball orbital speed, resulting in an increase in the peak
impact force. Under a low-speed condition, the peak impact force under the heavy-load
condition is larger than under the light-load condition. This is because, with a heavy radial
load, the contact force between the ball and the raceway in the loaded zone is enough to
overcome the sliding of the ball, while it is not with a light radial load. Moreover, with the
inner speed acceleration increasing, the traction force between the ball and the raceway in
the heavy-load condition increases more than in the light-load condition, which causes a
larger fluctuation range of the ball orbital speed with heavy-load bearing. Therefore, the
peak impact force between the ball and the pocket under the heavy load is greater.

4.3. Inner Ring Speed Deceleration

The influence of the inner ring deceleration on the peak impact force under different
load and inner ring speed (8000 r/min) was studied. The speed deceleration applied to the
inner ring increased gradually from −150 rad/s2 to −50 rad/s2, while the rotational speed
and the radial load was constant. The variational curve of the peak impact force is shown
in Figure 13.

Contrary to the acceleration state, in the process of inner ring deceleration, the greatest
influence on the cage instability appears at the exit of the loaded zone. Because of the
effect of deceleration, the impact force between the ball and the rear side of the cage pocket
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mainly occurs in the loaded zone, while the impact force with the front side of the pocket
mainly occurs in the unloaded zone. Therefore, the peak impact force of the adjacent balls
on the cage pocket is just opposite, at the loaded zone exit, which may reduce the stability
of the cage. The peak impact force gradually decreases with the increase in the deceleration.
This is because the deceleration gradually increases, and its value gradually decreases. The
reason for the change is the same as that for the speed acceleration change in Section 4.2.

Figure 13. The effects of the speed deceleration on the impact force.

4.4. The Different Ball Material

In order to analyze the influence of the ball material on the peak impact force between
the ball and the pocket, a dynamic simulation of the rolling bearing with different roller
materials was carried out. Ceramic material and bearing steel were the focuses of the in-
vestigation, which are widely used in bearings. The ceramic density was about 3.2 g·cm−3,
while the density of the bearing steel was 7.8 g·cm−3.

The effects of different roller materials on the peak impact force were studied under
the condition of the same radial load and different rotational speeds (or the same rotational
speed and different radial loads). The variation curves of the peak impact forces of the
bearings with different ball materials is shown in Figure 14, with the changes in the rotation
speeds and radial loads.

It can be seen that the peak impact force of the ceramic ball bearings is smaller than
that of the steel ball. This is because the density of ceramic is lower than that of bearing
steel. At the same rotational speed, the centrifugal force of the ceramic ball is smaller than
that of the steel balls. On the basis of the above analysis, small centrifugal force leads to
less contact force between the balls and the bearing raceway, resulting in a lighter sliding
of the ceramic ball. Furthermore, the smaller the fluctuations in the ball’s orbital speed,
the smaller the peak impact force. Under the condition of the same rotational speed and
different loads, the peak impact force of the ceramic ball bearing is almost unchanged. This
is because the load has little effect on the peak impact force at the same rotational speed,
while the ceramic has little effect on the peak impact force because of its low density.
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Figure 14. The effect of the material on the impact force: (a) Fr = 2375 N; (b) n = 5000 N.

5. Conclusions

This work established a dynamic model of deep-groove ball bearing, and the factors
affecting the cage stability were analyzed from the perspective of the collision between
the balls and the pockets. The phenomenon of multiball collision tends to occur when
balls near the loaded zone, which may increase the cage instability. Moreover, taking the
peak impact force near the loaded zone as the evaluation index, the influences of the radial
load, rotational speed, acceleration, deceleration, and material were investigated. The main
conclusions are presented as follows:

1. From the perspective of the relative sliding velocity between the ball and the raceway,
the operation of the ball is divided into four zones. When the balls run in the a’–b’ zone
and the c’–d’ zone, the multiball collision effect is obvious. The multiball collision can
easily increase the stage instability because of the opposite impact directions of the
adjacent two balls when the balls are in the a’–b’ zone;

2. Compared to the radial force, the peak impact force is more sensitive to the rotational
speed. With the increase in the rotational speed, the sliding between the balls and the
raceway becomes more serious, resulting in an increase in the peak impact force;
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3. The influence of bearing inner ring acceleration and deceleration on the cage instability
is the opposite. The peak impact force on the a’–b’ zone can easily cause the cage
instability under acceleration, while the deceleration is in the c’–d’ zone because of
the direction of the relative sliding velocity.
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Abstract: Adding axial groove structures to the surface of bearing inner ring is an effective way to

enhance the bearing lubrication efficiency. In this paper, the angular contact ball bearing H7006C

was taken as the research object, and through visual simulations and quantitative experiments,

systematic analyses and discussions were carried out to find out the relationship between groove-

enhancing performance and working conditions. Firstly, simulation models of standard bearing

and groove-added bearing were established. By combining the Volume of Fluid (VOF) model, the

enhancing mechanism of grooves was found. Secondly, the trend of groove-enhancing performance

with the change of rotation speed was studied through simulations and quantitative experiments.

On this basis, through multiple parameter coupling, the effects of oil supply amount and nozzle

diameter on the groove performance were discussed. The results show that the bottom oil layer is

the key for grooves to achieve the lubrication efficiency enhancement, and its distribution can reflect

the groove-enhancing performance. The groove width that best adapts to the change of working

conditions increases with the increase of oil supply amount and nozzle diameter. To maintain the

stability of bottom oil layer, the nozzle diameter should be larger than the groove width. This research

is of great significance to the application of grooves in the lubrication efficiency enhancement of

high-speed bearing.

Keywords: bearing lubrication enhancement; groove structure; multiple parameter coupling

1. Introduction

The complex motions and collisions of bearing assemblies can seriously affect bearing
performance [1]. Collisions can generate much heat, leading to a large temperature rise.
Keeping bearing well-lubricated can reduce bearing friction loss, control the temperature
rise, and improve bearing performance [2]. Among the common lubrication methods,
jet lubrication is widely used in high-speed working conditions for its high lubrication
efficiency [3]. In jet lubrication, oil or oil-air mixture is normally injected from the nozzle
mounted on the side of the bearing into the bearing cavity, then adheres to the bearing
assemblies or flows into the contact area. However, high-speed and high-pressure vortices
form when the bearing rotates at high speed, preventing oil from flowing into the contact
area, resulting in the decrease of bearing lubrication efficiency [4,5]. In order to improve the
bearing lubrication, several studies from the perspective of the optimization of oil supply
parameters have been carried out. Zhang [6] has studied the influence of different oil
supply amount, number of nozzles, injection speed, and rotation speed on the two-phase
flow field in the bearing cavity and compared the friction torque of the bearing under the
nozzles of different diameters. Taking the bearing temperature as the index, Li [7] and
Zheng [8] have studied the effects of the number of nozzles, rotational speed, and nozzle
diameter on the bearing lubrication efficiency under jet lubrication through experiments.
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Although changing the oil supply parameters is a feasible way to improve the bearing
lubrication efficiency, the oil transfer into the contact area is still restricted by the strong
air flow. Therefore, the way of the optimization of the oil supply structure to improve
lubrication efficiency is gaining much attention. A novel guide-type nozzle designed by
Guo [9,10] can improve the utilization rate of oil for using the capillary force to reduce the
influence of the air core inside the nozzle, so oil at the outlets is of higher velocity and easy
to cross the air curtain inside the bearing cavity. NSK Ltd. has manufactured Spinshot
II nozzle, this type of nozzle injects oil to the surface of the inner ring, which reduces
the influence of intense air flow on the oil transfer into the bearing contact area [11]. A
similar type of nozzle has also been designed by NTN Corporation [12], with this nozzle oil
injected into the counterbore of the inner ring and then transported into the bearing cavity
by centrifugal force. Wang [13] compared the oil-air flow inside the bearing cavity between
the traditional nozzle and Spinshot II nozzle, the results show that with Spinshot II more
oil accumulates near both contact areas of the bearing. However, the inner-ring-oriented
nozzles are still restricted, while oil has high flow resistance when flowing on the inner
ring surface for its liquid-solid contact with the surface. Several scholars have proposed a
method based on groove structure to further improve lubrication efficiency [14–18]. Yan [15]
established a whole bearing simulation model with some axial groove structures added to
the non-contact area of the bearing inner ring, then compared the lubrication state of the
new bearing and the standard one. The results show that the one with grooves has more oil
adhering to the ball surface. The flow process of oil in the axial groove has also been studied,
it can be divided into three stages dominated by the injection velocity, capillary force, and
viscous force, respectively. Through bearing lubrication performance experiments, the
validity of using groove to improve the lubrication efficiency is also verified [16]. Based on
this, studies on the influences of injection angle, injection speed, and groove width on the
groove-enhancing capacity have been carried out [17,18].

However, previous studies are all single-factor analyses. In fact, the factors interact
with each other and influence groove performance together. In this paper, through the
oil flow simulations and the quantitative experiments, the basic relationship between
rotational speed and groove enhancement performance is found, the influences of bearing
oil supply amount and nozzle size on grooves are discussed, and the changing law of
groove width is found.

2. Analysis of Lubrication Efficiency Enhancing Mechanism of Groove

2.1. Bearing Simulation Model

The H7006C angular contact ball bearing was treated as the research object in this
paper. The axial grooves were evenly added to the non-contact area on the inner ring
surface, as seen in Figure 1a. Due to its periodic geometry, only 1/17 of the model was
taken to accelerate the calculation speed. Meanwhile, in order to monitor the flow of
lubricating oil on the inner ring surface more intuitively and quantify the amount of oil
entering the raceway, the bearing cage and ball were ignored. Through the extraction of
fluidic domain, the simulation models of the H7006C bearing with groove and the standard
H7006C bearing were obtained, as shown in Figure 1b.

The geometrical parameters and of the nozzle and groove and their positional rela-
tionship are shown in Figure 1c. The main parameters of the grooves include the groove
width w and the groove depth h. In this paper, the research mainly focuses on the groove
width w, the groove depth h is set as 0.2 mm. The nozzle whose diameter d is 0.5 mm is
located on the side of the bearing, and the axial distance between nozzle and bearing side
D is 0.5 mm and height H is 0.3 mm, and the injection angle is 30◦ to the horizontal. The
simulation models were divided into unstructured cells by ICEM CFD, and the meshes
near the non-contact area were refined to increase the calculation accuracy.
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Figure 1. The bearing lubrication simulation model. (a) geometry model, (b) simulation model, (c)

parameters and position relationship.

2.2. Boundary Conditions

The calculations were carried out with Fluent. The inner ring of the bearing was set
as a rotating wall, and the outer ring and nozzle wall were set as a stationary wall. The
nozzle was set as mass-flow-inlet with oil amount m. The other boundaries were all set as
pressure-outlet. The set-up of boundary conditions is shown in Figure 2.

ε

ρ ension γ
μ (kg/m∙s) angle θ

Figure 2. CFD mesh and boundary conditions.

The Volume of Fluid (VOF) model was used to track the oil-air interface, air was
considered as the main phase, while the secondary phase is oil. The physical properties of
oil are listed in Table 1. The standard k-ε turbulent model was used due to the intense air
flow motion inside the bearing cavity.

Table 1. Physical properties of oil.

Physical Properties Value Physical Properties Value

Density ρ (kg/m3) 876 Surface tension γ (n/m) 0.04
Viscosity µ (kg/m·s) 0.058 Contact angle θCA (◦) 52.8

2.3. Oil-Flow-Enhancing Mechanism of Grooves

Figure 3a shows the oil flow distribution on the inner ring surface of standard bearing
and grooved bearing with m = 4 mL/s and bearing rotating speed n = 10,000 rpm. It can be
found that more oil flows into the grooved bearing raceway, which shows that grooves can
certainly improve the axially flowing capacity of oil. Figure 3b shows the oil distribution on
the axial section of the groove of different bearings. Compared with the standard bearing,
oil flows longer, and its velocity decreases more slowly. The oil distribution in the groove
can be divided into two oil layers. The oil in the groove with a lower axial velocity is
named as “bottom oil layer”. The oil with a higher axial velocity, which flows on the top
of “bottom oil layer”, is named as “top oil layer”. Although the oil in the bottom oil layer
cannot flow into the bearing raceway, it changes the solid-liquid contact when oil flows on
the standard bearing into fluid contact and decreases oil flowing resistance.
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velocity is named as “bottom oil layer”. The oil with a higher axial velocity, which flows 
on the top of “bottom oil layer”, is named as “top oil layer”. Although the oil in the bottom 

=

Figure 3. Oil distribution of bearing with m = 4 mL/s and n = 10,000 rpm. (a) Oil flow distribution

on both bearings, (b) oil distribution on the groove axial section.

Since the bottom oil layer in the groove is the key to achieving the enhancement of
bearing lubrication efficiency, its distribution area may affect its oil-flow-enhancing capacity.
The oil distribution on the bottom wall of the groove was taken as the index Doil to evaluate
the enhancing capacity of the groove on bearing lubrication efficiency, which is defined as
follows:

Doil =
Aoil

Agroove
(1)

where: Aoil is the area of the oil distribution on the bottom wall.
Agroove is the area of the bottom wall.
Meanwhile, the amount of oil that flows into the bearing raceway was taken as the

other index Moil. Both indexes were acquired through CFD-post, and the methods are
shown in Figure 4.

velocity is named as “bottom oil layer”. The oil with a higher axial velocity, which flows 
on the top of “bottom oil layer”, is named as “top oil layer”. Although the oil in the bottom 

=

Figure 4. Index acquisition methods. (a) Doil, (b) Moil.

Aoil is the sum of the areas where the oil volume fraction is no less than 0.5. It should
be stressed that if no bottom oil layer exists in the groove, the index Doil was taken as 0.
For instance, as shown in Figure 5, the oil distribution on the axial section of the groove
is similar to that of the standard bearing, which indicates that only a low amount of
oil can be enhanced by the groove. In this case, oil is more likely to spread and deflect
circumferentially, which is hard for the bottom oil layer to form.

and can adapt to the changes of rotation speed best. This kind of width is called “the most 
adaptive width” in the following part of the article. Besides, for each certain rotation 

Figure 5. The oil flow collapses inside the groove.
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3. Effect of Rotation Speed on the Enhancing Capacity of Grooves

3.1. Simulation Results and Discussion

Figure 6 shows both indexes of different groove widths with the change of bearing
rotation speed, where the bars stand for index Moil and curves stand for Doil. When the
bearing rotation speed is 1000 rpm, the wider the groove is, the larger Moil is. This is
because more oil can be filled in the groove with the increase of the groove width, thereby
improving the efficiency on the oil flow. However, Moil decreases with the increase of the
rotation speed due to the increased centrifugal force and the deflection effect. Besides, the
wider grooves show a more obvious downward trend. The reason is that as the groove
width increases, the restriction of the groove side walls on the oil flow is reduced, oil is
more susceptible to the deflection of the bearing, resulting in the decrease of the stability of
the bottom oil layer, and the drag reduction effect on the top oil layer is greatly reduced,
which can be seen in Figure 4.

and can adapt to the changes of rotation speed best. This kind of width is called “the most 
adaptive width” in the following part of the article. Besides, for each certain rotation 

Figure 6. Change in the enhancing capacity of different grooves.

From the curves that show the change of Doil with rotation speed, it can be seen that
the at lower rotation speed, Doil is larger with wider grooves, but when rotation speed
increases to 10,000 rpm, no more bottom oil layer exists in the grooves with width w 0.6 or
0.7 mm. The downward trend of Doil is gentler when the width w is 0.3 or 0.4 mm. It can
be seen that the downward trend of Moil is similar to that of Doil, which indicates that the
distribution of the bottom oil layer can reflect the enhancing capacity of the grooves. In
the working conditions described above, the groove with width w = 0.3 mm behaves well
and can adapt to the changes of rotation speed best. This kind of width is called “the most
adaptive width” in the following part of the article. Besides, for each certain rotation speed,
there is an optimal width that has the best enhancing capacity, this is called “the optimal
width” in the following part of the article.

3.2. Experimental Verification

3.2.1. Experimental System

The experimental system is shown in Figure 7a. It was made up of a motorized spindle,
mechanical spindle, electronic balance, oil supply structure, and a simplified bearing inner
ring. The simplified bearing inner ring, called “simplified ring” in the following part of the
article, is divided into the upstair area and the downstair area, as shown in Figure 7b. The
upstair area seen as the non-contact area has grooves and the downstair area seen as the
bearing raceway can collect oil by using oil-absorbing tissue. The ring was installed on the
end of the mechanical spindle. The nozzle of oil supply structure was set at the top of the
ring. The inclination angle between the nozzle and the horizontal plane was 30◦. During
the experiments, first, the spindle speed was set to the experimental speed and then the oil
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supply structure was turned on. After 30 min, the increased weights of tissues were treated
as the results, which reflects the flowing capacity of oil. To improve the accuracy of the
results, seven experiments were carried out for each rotation speed of each ring, five from
which with the smallest variance were selected, and the average value of them was taken
as the final result.

there is an optimal width that has the best enhancing capacity, this is called “the 
optimal width” in the following part of the article.

inner ring. The simplified bearing inner ring, called “simplified ring” in the following part 

Figure 7. Experiment system and the simplified ring. (a) experiment system (b) simplified ring.

3.2.2. Results and Discussion

Several simplified rings were manufactured, including one ring without groove as the
standard bearing, and three rings with different grooves widths, respectively 0.3, 0.5, and
0.7 mm. The increased weights of oil on these four rings were achieved when the spindles
rotated at the speed of 1000, 3000, and 5000 rpm., as shown in Figure 8. The results show
that at each rotation speed, the weight increase of rings with groove widths of 0.3 and
0.5 mm is larger than the weight increase of the ring without groove, which shows that
proper grooves can enhance the oil flow capacity and let more oil flow into bearing raceway.
Secondly, at the same speed, as the groove width increases, the weight increase shows a
trend of first increasing and then decreasing, indicating for each rotation speed, there is an
optimal width for the grooves. The decreasing trend of weight increase of the ring with
a groove width of 0.5 mm is sharper than that of the ring with a groove width of 0.3 mm
with the change of speed. This result shows a similar phenomenon to the simulation one
that the decline of Moil of wider grooves is larger than that of narrower grooves.

Figure 8. The increased weights of tissue on different rings.

4. Influence of Oil Supply Situation on the Enhancing Capacity of the Grooves

4.1. Influence of Oil Supply Amount on the Groove Width under Different Rotation Speed

Since oil supply is related to the bearing lubrication performance, it may affect the
enhancing capacity of the grooves. The bars and the curves in Figure 9 represent the indexes
Moil and Doil at oil supply amounts of 4 mL/s and 8 mL/s, respectively. As can be seen, at
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each rotation speed, the amount of oil flowing into the bearing raceway increases with the
increase of oil supply amount. The reason is when the oil supply amount increases, the
oil sprayed from the nozzle has higher kinetic energy, which can help resist friction loss,
so that the oil flowing on the non-contact area surface may have a larger axially flowing
speed, thus improving its axial flowing capacity. Besides, more oil flowing into the groove
is beneficial to the form of the bottom oil layer and provides a better drag reduction effect
for the top oil layer. In addition, it can be seen from the downward trend that the most
suitable groove width value increases with the increase of the oil supply amount, from
0.3 mm at 4 mL/s to 0.5 mm at 8 mL/s.

Figure 9. Moil and Doil under different oil supply amounts. (a) Oil supply amount m = 4 mL/s, (b)

Oil supply amount m = 8 mL/s.

For Doil, the results show that as the oil supply amount increases, Doil at each groove
width increases. This is because the increase in the oil supply amount can increase the
oil amount of the bottom oil layer in the groove and can supplement the oil that leaves
the groove structure due to the deflection of the bearing, which effectively improves the
dynamic stability of the bottom oil layer. Besides, the bottom oil layer can form in the
groove with w = 0.6 mm at high rotation speed with oil supply amount increasing and
its upward trend is more obvious than that of groove with w = 0.3 mm, which is owing
to the larger capacity of wider groove for oil to feed in. Therefore, the improvement of
oil-flow-enhancing capacity of wider grooves seems more obvious than the narrower ones.

4.2. Influence of Nozzle Diameter d on the Groove Width under Different Rotation Speed

The change of the nozzle diameter d will affect the oil flow area, so the enhancing
capacity of the groove may also change. The indexes Moil and Doil at nozzle diameter of 0.4
and 0.6 mm are shown by bars and curves of Figure 10, respectively. The wide groove is
better at low speed, but the downward trend is greater. Besides, Moil of each groove width
at each rotation speed decreases with the increase of nozzle diameter. The reason is that
there is a negative relationship between the nozzle diameter and the sprayed velocity when
the oil supply amount is a fixed value, oil has lower kinetic energy if it is sprayed from
larger nozzles, after it enters the grooves, it will get easier to flow out of the grooves due to
the deflection caused by the bearing rotation, resulting in a shorter bottom oil layer and a
weaker drag reduction efficiency.
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Figure 10. Moil and Doil under different oil supply amount. (a) Nozzle diameter d = 0.4 mm, (b)

nozzle diameter d = 0.6 mm.

For Doil, at a low rotation speed, the smaller nozzle has a larger Doil because it sprays
faster oil, which helps the expansion of the bottom oil layer. However, with the increase of
rotation speed, the bottom oil layer of the smaller nozzle is less stable. When the nozzle
diameter is larger than 0.5 mm, the bottom oil layer can form and remain stable in the
groove of width 0.5 mm, but it becomes unstable when the nozzle diameter is 0.4 mm.
Besides, the increase of nozzle diameter results in the increase of stability of the bottom
oil layer in wider grooves, the oil layer under the 0.6 mm nozzle does not collapse until
15,000 rpm, while under other diameters, it collapses at 10,000 rpm. The downward trend
of Doil at each nozzle diameter is also similar to that of Moil. When nozzle diameter d is 0.4
and 0.5 mm, the most adaptive width of groove is 0.3 mm, but when nozzle diameter d
is 0.6 mm, the most adaptive width of groove increases to 0.4 mm. From the curves, can
we learn that at high rotation speed Doil of groove of width 0.3 mm almost equals that of
groove of width 0.4 mm, ideally the oil which can be enhanced can be seen in Figure 11,
however, for a fixed oil supply amount, the amount of enhanced oil decreases with the
increase of nozzle diameter, this amount becomes the lowest when groove width is 0.3 mm,
resulting in a significant shrink of Moil at high speed. To maintain the stability of the bottom
oil layer, it is suggested that the groove width should be no more than the nozzle diameter.
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Figure 11. Simplified schematic diagram of enhanced oil.

5. Conclusions

By analyzing the flow characteristics of oil on the surface of different bearings, the
enhancing mechanism of groove was analyzed. The enhancing capacity of different grooves
was compared through simulations and experiments and the coupling effects of rotation
speed, oil supply amount, nozzle diameter on the enhancing capacity were discussed. The
conclusions are as follows:
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1. The oil distribution in the groove can be divided into the top oil layer and the bottom
oil layer. The bottom oil layer is the key for groove to achieve oil flow enhancement.

2. The trend of the experimental results is in good agreement with the trend of the
simulation results. Compared with that of the groove of width 0.5 mm, the enhancing
capacity of groove of width 0.3 mm seems more adaptive to the increase of rotation
speed from 1000 to 5000 rpm.

3. The most adaptive width increases with the increase of oil supply amount and nozzle
diameter. To achieve better enhancing capacity, the groove width should be no bigger
than the nozzle diameter.
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Abstract: Information such as probability distribution, performance degradation trajectory, and

performance reliability function varies with the service status of rolling bearings, which is difficult

to analyze and evaluate using traditional reliability theory. Adding equipment operation status to

evaluate the bearing operation performance status has become the focus of current research to ensure

the effective maintenance of the system, reduce faults, and improve quality under the condition of

traditional probability statistics. So, a mathematical model is established by proposing the hierarchical

maximum entropy Bayesian method (HMEBM), which is used to evaluate the operation performance

status of rolling bearings. When calculating the posterior probability density function (PPDF), the

similarities between time series regarded as a weighting coefficient are calculated using overlapping

area method, membership degree method, Hamming approach degree method, Euclidean approach

degree method, and cardinal approach degree method. The experiment investigation shows that the

variation degree of the optimal vibration performance status can be calculated more accurately for

each time series relative to the intrinsic series.

Keywords: rolling bearing; performance degradation; variation degree; probability density function;

similarities between time series

1. Introduction

As the key components of rotating machinery, whether rolling bearings are in normal
working condition directly affects the running state of the host. As the running environment
of rolling bearings becomes more and more complex, changeable, and harsh, the perfor-
mance analysis and evaluation of rolling bearings are facing serious challenges. Therefore,
performance degradation analysis, evaluation, and fault diagnosis are very urgent and
necessary for rolling bearings, which will directly affect the safety and stability of the whole
host system [1–6]. The nonlinear contact and collision between the components (inner race,
outer race, rolling element, and cage) of rolling bearings lead to nonlinear and complex
dynamic characteristics in the performance degradation progress. Most attention focused
on rolling bearing concerns its performance degradation index, so it is generally necessary
to evaluate the degradation state of rolling bearing vibration performance effectively.

The performance maintaining relative reliability (PMRR) is used to characterize the
performance degradation degree of rolling bearings. Performance maintaining reliability
(PMR) is the probability of a rolling bearing running at the optimum performance status,
which can be expressed as a function [7]. During the period of optimal vibration perfor-
mance, there is almost no possibility of performance failure. Not only is the vibration
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data value small, but also the data fluctuation is not violent. Owing to the interaction and
coupling among internal and external factors, it is difficult to solve PMR using the existing
dynamic equations and statistical theory.

Adding equipment operation status to evaluate the performance reliability has become
the focus of current research to ensure the effective maintenance of the system, reduce
faults, and improve quality under the condition of traditional probability statistics [8].
The similarity between time series plays an important role in the analysis and evalua-
tion of performance degradation, which can be calculated using the overlapping area
method, membership degree method, Hamming approach degree method, Euclidean ap-
proach degree method, and cardinal approach degree method [9–11]. Therefore, this factor
should be considered in the dynamic evaluation process of PMR bearing vibration perfor-
mance. When calculating the PPDF, the similarity between time series can be regarded as a
weighting coefficient, so the variation degree of the optimal vibration performance can be
calculated more accurately.

Traditional performance degradation evaluation methods often need complete per-
formance data and assume that the data are deterministic. Weibull distribution plays
an important role in the research of bearing reliability and bearing life in the traditional
theoretical system. Many scholars build models using Weibull distribution or compare
the test results with the calculation results using Weibull distribution, which greatly pro-
motes the development of bearing performance reliability [12–15]. However, owing to the
high reliability and long performance degradation period of rolling bearings, it is difficult
to obtain complete vibration performance data in the experiment, and the collected test
data have the typical characteristics of poor information. Poor information occurs when
the characteristic information of objects researched is incomplete or inadequate [16–19].
Moreover, the vibration data of rolling bearings are uncertain in the testing process because
of the uncertainty factors such as the system error of the testing device, the changeability
of the service environment, and so on, which has great limitations for the analysis and
evaluation of bearing performance reliability [20,21].

In the existing data-analysis methods, the analysis result of using a single method
often has one-sidedness in some aspects, so the evaluation results of PMR can be obtained
more comprehensively by fusing several different methods. The bootstrap method can
simulate the probability distribution of data samples through re-sampling [22–25], which
can separate the systematic errors in dynamic evaluation process by using the nuclear
concept, but it needs to take advantage of the prior information of some rules of data
sampling. The maximum entropy principle is used to calculate the probability distribu-
tion of data samples while making the subjective estimation error minimum [17,24,26,27].
Bayesian theory fully combines the prior information with the current sample information
to obtain the posterior sample information [28–30]. The current real-time updating method
is based on Bayesian theory, which only uses the observed data sample to update the prior
probability distribution, but cannot apply other available information such as the moments
of parameters or functions of moments in the probability distribution. Therefore, a variety
of methods can be selected for fusion according to the research needs to make up for the
limitations of a single method. Ye et al. [7] initially put forward a new concept—accuracy
maintaining reliability (AMR) of super-precision rolling bearings, effectively fusing gray
bootstrap method and maximum entropy method to predict the failure degree of a bearing
successfully maintaining its optimum service accuracy status in the future. However, in
the process of calculation, the accuracy threshold was given in advance, which leads to
artificial subjective error. So, it is necessary to study a more general real-time performance
reliability evaluation method.

In view of this, this paper proposes a HMEBM to establish the reliability evaluation
model for evaluating the operation performance status of rolling bearings under the condi-
tion that the prior sample information of vibration performance time-series is unknown.
The ideas are as follows: based on the vibration acceleration data collected during the
service period of rolling bearings, the maximum entropy method was used to calculate the
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PDF of different time series. Then, the Bayesian method was applied to obtain the PPDF of
different time series. Similarities between time series were calculated using the overlapping
area method, membership degree method, Hamming approach degree method, Euclidean
approach degree method, and cardinal approach degree method, which were regarded
as weighting coefficients to calculate the PMR of different time series more accurately.
Bootstrap method and maximum entropy method were used to calculate the estimated
true value and estimated interval of PMRR. Finally, the failure probability of the rolling
bearings maintaining the optimal vibration performance status was analyzed. The flow
diagram of the proposed method is shown in Figure 1.

Figure 1. Flow diagram of proposed method.

2. Mathematical Models

During the service period of rolling bearings, the vibration acceleration data are
periodically recorded. The time variable is defined as t, and w time series are obtained
as Xw.

Xw = (xw(1),xw(2), · · · , xw(k), · · · , xw(N) ); k = 1, 2, · · · , N; w = 1, 2, . . . , r (1)
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where w stands for the order number of time series Xw; r is the number of time series; xw(k)
is the kth performance data in time series Xw; N is the number of original data.

The intrinsic series is the time series where the performance data are recorded during
the optimum vibration performance status for rolling bearings, which is recorded as the
first time series and expressed by X1.

2.1. Solving PDF

Transmuting the performance data into continuous information, the PDF fw(x) of the
time series Xw with maximum entropy is defined as

fw(x) = exp(c0w +
j

∑
i=1

ciwxi) (2)

where c0w is the first Lagrange multiplier and ciw is the (i + 1)th Lagrange multiplier for
the time series Xw; i is the order number of origin moment, i = 1, 2, . . . ,j; j stands for the
highest origin moment order; generally, j = 5.

According to the maximum entropy principle, the optimal estimation of the density
function based on sample information can be obtained, and the main idea of maximum
entropy is that the solution is the most “unbiased” among all feasible solutions, as follows:

Hw(x) = −
∫

Ωw

fw(x) ln fw(x)dx → max (3)

where Hw(x) is the information entropy and Ωw represents the feasible domain for the data
sample of the time series Xw, and Ωw = [xminw, xmaxw]; xminw and xmaxw are the lower-bound
value and upper-bound value in the time series Xw; lnfw(x) is the logarithmic value of fw(x).

Equation (3) satisfies the constraint conditions

∫

Ωw

fw(x)dx = 1 (4)

∫

Ωw

xi fw(x)dx = miw (5)

where miw stands for the ith order origin moment for the data sample of the time series Xw,
and m0w = 1.

The entropy can reach its maximum by adjusting fw(x), and the PDF fw(x) can be
obtained by using the Lagrange multiplier method.

The Lagrange function Lw(x) can be expressed as

Lw(x) = Hw(x) + (c0w + 1)[
∫

Ωw

fw(x)dx−m0w] +
j

∑
i=1

ciw[
∫

Ωw

xi fw(x)dx−miw] (6)

The first Lagrange multiplier can be given by

c0w = −ln[
∫

Ωw

exp(
j

∑
i=1

ciwxi)dx] (7)
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Other j Lagrange multipliers should satisfy the constraint condition

1−

∫
Ωw

xiexp(
j

∑
i=1

ciwxi)dx

miw

∫
Ωw

exp(
j

∑
i=1

ciwxi)dx

= 0 (8)

To ensure solution convergence, the original data interval is mapped to interval [−e, e]
by the substitution of the variable. Let

x = awt + bw (9)

where aw and bw are mapping parameters for the data sample of the time series Xw;
t∈[−e, e], e has a value of 2.71828.

Based on the mapping of the original data in the interval [−e, e], the PDF in Equation (2)
can be obtained as

fw(t) = exp[c0w +
j

∑
i=1

ciw(awt + bw)
i] (10)

In order to be more adaptable to researchers’ habits, the variable t is replaced by the
variable x.

2.2. Parameter Estimation

Set a significant level and let α∈(0,1). The confidence level P is given by

P = (1− α)× 100% (11)

Assume that the maximum entropy estimated interval is [xLw, xUw] under confidence
level P. The lower boundary value xLw should satisfy

1

2
α =

∫ xLw

xminw

fw(x)dx (12)

The upper boundary value xUw should satisfy

1− 1

2
α =

∫ xUw

xminw

fw(x)dx (13)

2.3. Calculating PPDF

Consider the data sample in the intrinsic series X1 as the prior sample, which is
obtained during the period of the optimal vibration performance status for rolling bearings.
In order to study the variation process of the vibration performance reliability for rolling
bearings, the PPDF for each time series is constructed according to Bayesian statistics as

hy fw(x) =
f1(x) fw(x)∫

Ω1w

f1(x) fw(x)dx
(14)

where hyfw(x) is the PPDF of the wth time series Xw; Ω1w is the intersection of the feasible
regions of the data samples for the intrinsic series X1 and the wth time series Xw.

The similarity between time series plays an important role in the analysis and evalua-
tion of bearing vibration performance variation. Therefore, this factor should be considered
in the dynamic evaluation process of PMR of bearing vibration performance. When calculat-
ing the PPDF, the similarity between time series can be regarded as a weighting coefficient
so that the variation degree of the optimal vibration performance can be calculated more
accurately for each time series relative to the intrinsic series. Moreover, the result of analysis
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using a single method often has one-sidedness in some aspects, so the evaluation results of
PMR can be obtained more comprehensively by fusing several different methods.

2.4. Overlapping Area Method

The PMR for vibration performance of rolling bearings is used to express the possibility
that rolling bearings run at the optimal vibration performance status. The PMR for the
intrinsic series is defined as R1 = 1. The PMR Rw (1) for the wth time series is expressed
using the overlapping area method by

Rw(1) = S1w =

x1w∫

x=x1L

hy f1(x)dx+ηw

x2w∫

x=x1w

hy fw(x)dx+

x1U∫

x=x2w

hy f1(x)dx (15)

where S1w is the overlapping area for the PPDF of the wth time series and the intrinsic series;
x1L and x1U are the lower and upper bound values of confidence intervals for the PPDF of
intrinsic series, respectively; x1w and x2w are the abscissa values of the intersections for the
PPDF of the wth time series and the intrinsic series, and x1w < x2w; ηw is the overlapping
area for the PDF of the wth time series and the intrinsic series.

ηw =

x∗
1w∫

x=x∗
1L

f1(x)dx+

x∗
2w∫

x=x∗
1w

fw(x)dx+

x∗
U1∫

x=x∗
2w

f1(x)dx (16)

where x*
1L and x*

1U are the lower- and upper-bound values of confidence intervals for the
PDF of intrinsic series, respectively; x*

1w and x*
2w are the abscissa values of the intersections

for the PDF of the wth time series and the intrinsic series, and x*
1w < x*

2w.

2.5. Membership Degree Method

Xw is mapped into [0,1] by mapping formula to ensure that all data are fuzzy numbers.

zw(k) =
xw(k)− xwmin

xwmax − xwmin
(17)

Let Zw be a fuzzy subset on the finite field Q. The elements between columns have
different attributes, and the elements in the same column have the same attributes. Zw is
described as

Zw = (zw(1), zw(2), . . . , zw(k), . . . , zw(N)) (18)

When studying the conformity degree of Zw (w = 1,2, . . . ,r) relative to Z1, define the
absolute difference as

∆w(k) = |zw(k)− z1(k)| (19)

∆kmax = max
w

∆w(k) (20)

The membership functions of elements with the same attributes are established as

µwk = µwk(zw(k), z1(k)) = 1− ∆w(k)

∆kmax
(21)

The average membership degree is given as

µw =
1

N

N

∑
k=1

µwk, w = 1, 2, . . . , r (22)

The membership degree can reflect the similarity degree between data series. The
larger the average membership degree µw is, the more significant the relationship between

34



Lubricants 2022, 10, 97

Zw and Z1 is; and on the contrary, the less significant the relationship between Zw and Z1

is.
The PMR Rw(2) for the wth time series is expressed using the membership degree

method by

Rw(2) =

x1w∫

x=x1L

hy f1(x)dx+µw

x2w∫

x=x1w

hy fw(x)dx+

x1U∫

x=x2w

hy f1(x)dx (23)

2.6. Approach Degree Method

Let X1 and Xw be fuzzy subsets on the finite field Q. µ1k∈[0,1] and µwk∈[0,1] are the
membership degrees of X1 and Xw, respectively. Minkowski distance dpk is defined as

dpk = dp(X1, Xw) =

(
1

N

N

∑
k=1

|µ1k − µwk|p
) 1

p

(24)

where N is the number of elements in sets X1 and Xw; p is a constant, and generally is
considered to be a positive integer.

When p = 1, Minkowski distance becomes Hamming distance; when p = 2, Minkowski
distance becomes Euclidean distance.

The approach degree between two fuzzy subsets X0 and Xi is defined as

β = βp(X1, Xw) =
1

2

[
X1 ◦ Xw +

(
1− X1

⌢◦ Xw

)]
(25)

where

X1 ◦ Xw =
N∨

k=1
(µ1k ∧ µwk) (26)

X1
⌢◦ Xw =

N∧
k=1

(µ1k ∨ µwk) (27)

The Hamming approach degree β1w is given as

β1w = β1(X1, Xw) = 1− 1

N

N

∑
k=1

|µ1k − µwk| (28)

The PMR Rw(3) for the wth time series is expressed using the Hamming approach
degree method by

Rw(3) =

x1w∫

x=x1L

hy f1(x)dx+ β1w

x2w∫

x=x1w

hy fw(x)dx+

x1U∫

x=x2w

hy f1(x)dx (29)

Euclidean approach degree β2w is defined as

β2w = β2(X1, Xw) = 1−


 1

N

N

∑
k=1

|µ1k − µwk|
2



1/2

(30)

The PMR Rw(4) for the wth time series is expressed using the Euclidean approach
degree method by

Rw(4) =

x1w∫

x=x1L

hy f1(x)dx+ β2w

x2w∫

x=x1w

hy fw(x)dx+

x1U∫

x=x2w

hy f1(x)dx (31)
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Cardinal approach degree β3w is given as

β3w = β3(X1, Xw) =

2
N

∑
k=1

(µ1k ∧ µwk)

N

∑
k=1

µ1k +
N

∑
k=1

µwk

(32)

The PMR Rw(5) for the wth time series is expressed using the Cardinal approach degree
method by

Rw(5) =

x1w∫

x=x1L

hy f1(x)dx+ β3w

x2w∫

x=x1w

hy fw(x)dx+

x1U∫

x=x2w

hy f1(x)dx (33)

The approach degree describes the similarity degree between X1 and Xw. The larger
the approach degree is, the more significant the relationship between X1 and Xw is; on the
contrary, the less significant the relationship between X1 and Xw is.

2.7. Dynamic Evaluation of PMR

According to the above five values of Rw, small data samples of PMR of rolling bearing
vibration performance are obtained for each time series.

Rw = (Rw(1), Rw(2), . . . , Rw(5)) = (Rw(γ)); γ = 1, 2, . . . , 5;w = 1, 2, . . . , r; (34)

where Rw is the data sample of PMR for the wth time series; Rw(γ) is the γth data in the
PMR data sample for the wth time series.

Using the bootstrap method, B bootstrap re-sampling samples of size z, namely the
bootstrap re-sampling samples Rwbootstrap, can be obtained by an equiprobable sampling as

RwBootstrap = (Rw1, Rw2, . . . , Rwθ , . . . , RwB) (35)

where Rwθ is the θth bootstrap re-sampling sample, θ = 1, 2, . . . , B; B is the times of the
bootstrap re-sampling, and also the number of bootstrap samples, with

Rwθ = [Rwθ(Θ)]; Θ = 1, 2, . . . , z (36)

where Rwθ(Θ) is the Θth data in the θth bootstrap re-sampling sample of PMR for the wth
time series.

The maximum entropy method is used to calculate the PDF of the generated sample
Rwbootstrap. According to the PDF, the true value and upper and lower bound values are
estimated for the data sample of PMR of each time series.

The PDF of the PMR data sample can be calculated as

f (Rw) = exp[c∗0w +
j

∑
i=1

c∗ iw(a∗wRw + b∗w)
i)] (37)

where c*
0w is the first Lagrange multiplier and c*

iw is the (i + 1)th Lagrange multiplier for
the time series Rw; i is the order number of origin moment, i = 1,2, . . . ,j; j stands for the
highest origin moment order; generally, j =5.where a*

w and b*
w are mapping parameters for

the data sample of the time series Rw.
The estimated true value of the PMR is obtained as

Rw0 =
∫

S

Rw f (Rw)dRw (38)
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Set a significant level and let α∈(0,1). The maximum entropy estimated interval is
given as

[RwL, RwU] = [Rw α
2
, Rw1− α

2
] (39)

with

α

2
=
∫ Rw α

2

Rwmin

f (Rw)dRw (40)

1− α

2
=
∫ Rw

1− α
2

Rwmin

f (Rw)dRw (41)

where RwL is the lower bound value and RwU is the upper bound value of the PMR for the
wth time series.

The variation probability of the PMR for different time series relative to the intrinsic
series is defined by

Pw(γ) = 1− Rw(γ) (42)

According to the concept of relative error in measurement theory, the failure degree of
rolling bearings running at the optimal vibration performance status—that is, the PMRR
for the vibration performance of rolling bearings—is expressed by

dw(γ) =
Rw(γ)− R10

R10
× 100% (43)

where R1 is the PMR for the intrinsic series of rolling bearings.
dw(γ) < 0 indicates that the PMR for the time interval corresponding with the wth time

series is less than the PMR for the time interval corresponding with the intrinsic series. The
smaller dw(γ) is, the greater the failure probability of the rolling bearings maintaining the
optimal vibration performance status to work for the time interval corresponding with the
wth time series.

dw0 =
Rw0 − R10

R10
× 100% (44)

dwL =
RwL − R10

R10
× 100% (45)

dwU =
RwU − R10

R10
× 100% (46)

where dw0 is the estimated true value, dwL is the lower-bound value and dwU is the upper-
bound value of the PMRR for the wth time series.

The flow diagram of the proposed method is shown in Figure 1.

3. Experimental Verification

3.1. Case 1

This is a strength lifetime test on the vibration performance of rolling bearings. Experi-
mental data are collected in the whole life-cycle of rolling bearings in Hangzhou Bearing
Test & Research Center. The test machine model is an ABLT-1A. This machine mainly
consists of a test head seat, test head, transmission system, loading system, lubrication
system, and a computer control system. The physical drawings of the testing machine
and test head are shown in Figures 2 and 3a–c. The test bearings and support bearings
are angular contact ball bearings with grade P2 and type 7008AC provided by Luoyang
Bearing Science &Technology Co., Ltd. (Luoyang, China). The inner ring, outer ring, and
rolling elements are made of high carbon chromium bearing steel, which has the following
characteristics: density 7.8 g/mm3, elastic modulus 2.08 × 105 N/mm2, Poisson’s ratio 0.3
and Hardness 700 HV10. The bearing parameters are shown in Table 1.
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Figure 2. Physical drawing of testing machine.

Figure 3. Testing head. (a) Physical drawing, (b) Main view, (c) Section view.
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Table 1. Parameters of angular contact ball bearings with type 7008AC.

Parameters Values Parameters Values

Inner diameter d/mm 40 Number of balls 19
Outer diameter D/mm 68 Ball diameter/mm 7.144

Width B/mm 15 Contact angle/◦ 25

The research is conducted at a motor speed 6000 r/min, an axial load of 4.17 kN, and
a radial load of 4.58 kN. The DAQ board type is PCI-1711U, and the data-acquisition rate is
20 KHz. The vibration acceleration sensor used is a YD-1 piezoelectric sensor produced
by Far East Vibration System Engineering Technology Co., Ltd. (Beijing, China), with a
measuring range of ± 2000 g and a resolution of 0.0001 g. The RMS values of vibration
amplitudes are obtained by a 1 min interval. The computer collects the vibration data in
the RMS value at this interval with a unit of m·s−2. If significant variation occurs in the
bearing ring or the roller, or even if surface fatigue spalling is noticed, the vibration value
of the test machine will obviously increase, and the vibration performance will reduce. If
the vibration value reaches 25 m·s−2, the motor will stop running and the experiment will
be terminated. (The vibration threshold limit is set according to the service condition of
bearings and experience of experimental operators.) The vibration data are automatically
collected by the computer control system, as shown in Figure 4.

Figure 4. Vibration signals of bearing.

The vibration time series of rolling bearings have obvious nonlinearity, randomness,
and uncertainty in Figure 4. Therefore, the vibration performance reliability of bearings
should be predicted and evaluated dynamically based on the complex and changeable
vibration information. The vibration data from the 1st to the 212th point range from 0.3
to 2.5 m·s−2. The vibration performance of the bearings appears stable during this period.
The vibration data from the 213th to the 472nd point range from 2.5 to 5.5 m·s−2. During
this period, the vibration signals are stronger and highly fluctuating. The vibration data
from the 473rd to the 2574th point range from 2.5 to 5.1 m·s−2. During this period, the
vibration performance of the bearings is stable. The values of vibration data from the 2575th
to the 6659th point range from 3 to 5.5 m·s−2. During this period, the vibration signals of
bearings are strengthened. The values from the 6660th to the 7446th data points are around
3.4–7.7 m·s−2. During this period, the vibration signals are stronger and highly fluctuating.
The values of the 7447th to 7793rd data points are in the range of 8.2–22.9 m·s−2. During
this period, the vibration signals increase linearly. Therefore, it can be considered that
the vibration performance of the bearings is at the initial wear stage during the period
corresponding to the 1st to the 472nd data point. The vibration performance is at the optimal
vibration performance state during the period corresponding to the 473rd to the 2574th data
point, which is regarded as the first time series (intrinsic series). The vibration performance
is at the normal wear stage during the period corresponding to the 2575th to the 6659th
data point, which is regarded as the second time series. The vibration performance is at
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the degeneration stage during the period corresponding from the 6660th to the 7446th
data point, which is regarded as the third time series. The vibration performance is at the
deterioration stage during the period corresponding to the 7447th to the 7793rd data point,
which is regarded as the fourth time series.

3.1.1. PDF of Data Samples of Time Series

For the first time series, various order origin moments can be obtained using the maximum
entropy method as [m11, m21, m31, m41, m51] = [−0.7710, 1.1829, −1.6809, 3.0058, −5.0425]; the
Lagrange multipliers [c01, c11, c21, c31, c41, c51] = [−0.526176, −1.0192, −0.8837, −0.3003,
0.0325, 0.0628]; the mapping parameters a1 = 1.8819 and b1 = −7.1511. Set the significance
level α is 0.01; that is, the confidence level P = 99%. The maximum entropy estimated
interval is [2.5507, 4.4738] m·s−2 for the first time series. According to Equation (10), the
probability density estimated function f 1(x) is calculated as shown in Figure 5.

Figure 5. PDF of data sample of the intrinsic sequence.

For the second time series, various order origin moments can be obtained using the maxi-
mum entropy method as [m12, m22, m32, m42, m52] = [−0.4015, 0.8709, −0.7686, 1.6745, −1.9542];
the Lagrange multipliers [c02, c12, c22, c32, c42, c52] = [−0.3629, −0.3569, −0.2062, −0.1813,
−0.1369, 0.0291]; the mapping parameters a2 = 1.9572 and b2 = −8.3179. The significance
level α is set as 0.01; that is, the confidence level P = 99%. The maximum entropy estimated
interval is [3.1823, 5.1008] m·s−2 for the second time series.

For the third time series, various order origin moments can be obtained using the maxi-
mum entropy method as [m13, m23, m33, m43, m53] = [−0.8840, 1.5477, −2.2030, 4.5372, −7.4059];
the Lagrange multipliers [c03, c13, c23, c33, c43, c53] = [−1.4292, −1.1189, −0.2384, 0.0274,
−0.0268, 0.0145]; the mapping parameters a3 = 1.1379 and b3 = −6.3153. The significance
level α is set as 0.01; that is, the confidence level P = 99%. The maximum entropy estimated
interval is [3.3405, 7.3435] m·s−2 for the third time series.

For the fourth time series, various order origin moments can be obtained using the maxi-
mum entropy method as [m14, m24, m34, m44, m54] = [−0.1634, 1.2181, −0.2573, 3.2716, −0.7843];
the Lagrange multipliers [c04, c14, c24, c34, c44, c54] = [−2.3395, −0.5070, −0.0421, 0.2472,
−0.0660, −0.0299]; the mapping parameters a4 = 0.3328 and b4 = −5.1758. The significance
level α is set as 0.01; that is, the confidence level P = 99%. The maximum entropy estimated
interval is [8.1599, 22.5150]m·s−2 for the fourth time series.

The PDF fw(x) of four time series are shown in Figure 6.
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Figure 6. PDF of data samples of time series.

3.1.2. PPDF of Data Samples of Time Series

Intersection interval [xw1, xw2] and intersection area ηw are calculated for the PDF of
the wth time series and the intrinsic series, as shown in Table 2. The similarity degrees
between time series ηw, µw, β1w, β2w and β3w are calculated using the overlapping area
method, membership degree method, Hamming approach degree method, Euclidean
approach degree method, and cardinal approach degree method, as shown in Table 3.

Table 2. Intersection intervals and overlapped areas of PDF.

Sequence Number
w

Intersection Interval
[xw1, xw2]/(m·s−2)

Intersection Area
ηw

1 [2.5000, 5.1000] 1
2 [3.6312, /] 0.3590
3 [3.9596, /] 0.0730
4 [/, /] 0

Table 3. Similarity degrees calculated using different methods.

Sequence
Number

w

Similarity Degrees

Membership
Degree

µw

Euclidean Approach
Degree

β1w

Hamming Approach
Degree

β2w

Cardinal Approach
Degree

β3w

1 1 1 1 1
2 0.7897 0.7538 0.7897 0.8825
3 0.6094 0.6036 0.6094 0.7573
4 0.0023 0.0017 0.0023 0.0045

The experimental data in Figure 3 show that the vibration performance has obvious
different uncertainty and nonlinearity for different fault diameters, which belongs to the
poor-information problem with an unknown trend. In order to study the variation trend
of PMR for the vibration performance, the product functions f 1(x)fw(x) and posterior
probability density functions hyfw(x) of the four time series are constructed using the
Bayesian principle, as shown in Figures 7 and 8.
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Figure 7. Product f 1(x)fw(x) of PDF.

Figure 8. PPDF of 4 time series.

3.1.3. PMR of Time Series

The intersection interval [x1w, x2w] and intersection area Sw are calculated for the PPDF
of the wth time series and the intrinsic series, as shown in Table 4. The values of PMR, Rw(1),
Rw(2), Rw(3), Rw(4), and Rw(5) are calculated using overlapping area method, membership
degree method, Hamming approach degree method, Euclidean approach degree method,
and cardinal approach degree method for different time series, as shown in Table 5. The
PMR of each time series decreases gradually, and the slope of the curve decreases gradually,
as shown in Figure 9.

Table 4. Intersection intervals and overlapped areas of PPDF.

Sequence Number
w

Intersection Interval
[xw1, xw2]/(m·s−2)

Intersection Area
ηw

1 [2.5000, 5.1000] 1
2 [3.3579, /] 0.6341
3 [3.5821, /] 0.4107
4 [/, /] 0
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Table 5. PMR calculated using different methods for different time series.

Sequence
Number

w

Values of PMR/%

Overlapping Area
Method
Rw(1)

Membership
Degree Method

Rw(2)

Hamming
Approach Degree

Method
Rw(3)

Euclidean
Approach Degree

Method
Rw(4)

Cardinal
Approach Degree

Method
Rw(5)

1 100.00 100.00 100.00 100.00 100.00
2 59.82 61.35 60.99 61.35 62.26
3 36.71 38.18 38.14 38.18 39.27
4 0.00 0.00 0.00 0.00 0.00

Figure 9. PMR of time series.

3.1.4. PMRR of Time Series

The values of PMRR, dw(1), dw(2), dw(3), dw(4), and dw(5) are calculated using the
overlapping area method, membership degree method, Hamming approach degree method,
Euclidean approach degree method, and cardinal approach degree method, as shown in
Table 6.

Table 6. PMRR calculated using different methods.

Sequence
Number

w

Values of PMRR/%

Overlapping Area
Method

dw(1)

Membership
Degree Method

dw(2)

Hamming
Approach Degree

Method
dw(3)

Euclidean
Approach Degree

Method
dw(4)

Cardinal
Approach Degree

Method
dw(5)

1 0 0 0 0 0
2 −40.18 −38.65 −39.01 −38.65 −37.74
3 −63.29 −61.82 −61.86 −61.82 −60.73
4 −100 −100 −100 −100 −100

3.1.5. Fusion Results of Multiple Weighting Methods

In the process of bootstrap generation, take the sample data of PMR of the second
time series as an example. Let the sampling number q = 5, the times for the bootstrap
re-sampling B = 10,000, and the significance level α = 0. R2 = (R2(1), R2(2), R2(3), R2(4),
R2(5)) = (59.82%, 61.35%, 60.99%, 61.35%, 62.26%). The bootstrap re-sampling samples
R2bootstrap can be obtained by an equiprobable sampling, as shown in Figure 10.
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Figure 10. Generated data of PMR of second time series.

The PDF of the PCR data sample can be calculated for the second time series, as
shown in Figure 11. Thus, the estimated true value of PMR R20 = 61.18% and the maximum
entropy estimated interval [R2L, R2U] = [59.68%, 62.39%] are obtained for the sample data
of PMR of the second time series. Similarly, the estimated true values and the estimated
intervals can be obtained for the sample data of PMR of the other three time series. The
results are shown in Table 7.

Figure 11. PDF of PMR of the second time series.

Table 7. Estimated true values and estimated intervals for different time series.

Sequence Number
w

Estimated True Value Rw0/%
Estimated Intervals

[R2L, R2U]/%

1 100 /
2 61.18 [59.68, 62.39]
3 38.13 [36.71, 39.55]
4 0 /

The calculated results of the estimated truth curve and the upper- and lower-bound
curve are shown for different time series in Figure 12. The estimated true value, lower-
bound value and upper-bound value of PMR decrease gradually and have trends of
nonlinear reduction over time. From the first time series to the second time series, the
estimated true value of PMR is reduced from 100% to 61.18% very rapidly; from the second
time series to the third time series, the estimated true value of PMR is reduced from 61.18%
to 38.13% slowly; from the third time series to fourth time series, the estimated true value
of PMR is reduced from 38.13% to 0 rapidly, relatively.
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Figure 12. Maximum entropy estimated results of PMR.

The PMRR for vibration performance of rolling bearings are calculated for different
time series, as shown in Table 8 and Figure 13. The estimated true value, lower-bound
value and upper-bound value of PMRR decrease gradually and have trends of nonlinear
reduction. From the first time series to second time series, the estimated true value of PCRR
is very rapidly reduced from 0% to −38.82%; from the second time series to the third time
series, the estimated true value of PCRR is slowly reduced from −38.82% to −61.87%; from
the third time series to the fourth time series, the estimated true value of PCRR is reduced
from −61.87% to −100% relatively rapidly.

Table 8. Estimated true values and estimated intervals of PMRR.

Sequence
Number

w

Estimated True Value
dw0/%

Estimated Intervals
[d2L, d2U]/%

1 0 [/, /]
2 −38.82 [−40.32, −37.61]
3 −61.87 [−63.29, −60.45]
4 −100 [/, /]
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Figure 13. Maximum entropy estimated results of PMRR.

This analysis result is more in line with engineering practice, because the prior informa-
tion and current sample information of the vibration performance degradation information
of bearings in service were comprehensively considered by the proposed method. In ad-
dition, the HMEBM also considers the similarity between time series, which contains the
hidden information of the degradation process of optimal vibration performance state.

3.2. Case 2

The test machine and the bearing used in this case are exactly the same as those of
Case 1. The vibration data are shown in Figure 14 by changing the test conditions of the
motor to a speed of 4000 r/min, an axial load of 4.17 kN, and a radial load of 4.58 kN.
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Figure 14. Vibration signals of bearing (Case 2).

3.2.1. PDF of Data Samples of Time Series (Case 2)

For the first time series, various order origin moments can be obtained using the
maximum entropy method as [m11, m21, m31, m41, m51] = [−0.0463, 0.8915, −0.2456, 2.1047,
−0.7743]; the Lagrange multipliers [c01, c11, c21, c31, c41, c51] = [0.6246, 0.3796, −0.4400,
−0.3470, −0.0294, 0.0463]; the mapping parameters a1 = 4.4481 and b1 = −9.1186. The
significance level α is set as 0.01; that is, the confidence level P = 99%. The maximum
entropy estimated interval is [1.5354, 2.5003] m·s−2 for the first time series.

The PDF fw(x) of four time series are shown in Figure 15.

Figure 15. PDF of data samples of time series (Case 2).

3.2.2. PPDF of Data Samples of Time Series (Case 2)

The intersection interval [xw1, xw2] and intersection area ηw are calculated for the
PDF of the wth time series and the intrinsic series as shown in Table 9. The similarity
degrees between time series ηw, µw, β1w, β2w, and β3w are calculated using the overlapping
area method, membership degree method, Hamming approach degree method, Euclidean
approach degree method, and cardinal approach degree method, as shown in Table 10.

Table 9. Intersection intervals and overlapped areas of PDF (Case 2).

Sequence Number
w

Intersection Interval
[xw1, xw2]/(m·s−2)

Intersection Area
ηw

1 [1.5000, 2.6000] 1
2 [2.2776, /] 0.6272
3 [2.3655, /] 0.4404
4 [/, /] 0
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Table 10. Similarity degrees calculated using different methods (Case 2).

Sequence
Number

w

Similarity degrees

Membership
Degree

µw

Euclidean Approach
Degree

β1w

Hamming Approach
Degree

β2w

Cardinal Approach
Degree

β3w

1 1 1 1 1
2 0.9053 0.8718 0.9053 0.9503
3 0.7138 0.6722 0.7138 0.8329
4 0.0066 0.0049 0.0066 0.0131

The experimental data in Figure 14 show that the vibration performance has obvious
different uncertainty and nonlinearity for different fault diameters, which belongs to the
poor-information problem with an unknown trend. In order to study the variation trend
of PMR for the vibration performance, the product functions f 1(x)fw(x) and posterior
probability density functions hyfw(x) of the four time series are constructed using the
Bayesian principle, as shown in Figures 16 and 17.

Figure 16. Product f 1(x)fw(x) of PDF (Case 2).

Figure 17. PPDF of 4 time series (Case 2).

3.2.3. PMR of Time Series (Case 2)

The intersection interval [x1w, x2w] and intersection area Sw are calculated for the PPDF
of the wth time series and the intrinsic series, as shown in Table 11. The values of PMR,
Rw(1), Rw(2), Rw(3), Rw(4), and Rw(5) are calculated using the overlapping area method,
membership degree method, Hamming approach degree method, Euclidean approach
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degree method, and cardinal approach degree method for different time series, as shown
in Table 12. The PMR of each time series decreases gradually, and the slope of the curve
decreases gradually, as shown in Figure 18.

Table 11. Intersection intervals and overlapped areas of PPDF (Case 2).

Sequence Number
w

Intersection Interval
[xw1, xw2]/(m·s−2)

Intersection Area
ηw

1 [1.5000, 2.6000] 1
2 [1.7124, 1.9161, 2.2126] 0.7473
3 [1.7431, 1.9981, 2.2740] 0.6751
4 [/, /] 0

Table 12. PMR calculated using different methods for different time series (Case 2).

Sequence
Number

w

Values of PMR/%

Overlapping Area
Method
Rw(1)

Membership
Degree Method

Rw(2)

Hamming
Approach Degree

Method
Rw(3)

Euclidean
Approach Degree

Method
Rw(4)

Cardinal
Approach Degree

Method
Rw(5)

1 100.00 100.00 100.00 100.00 100.00
2 64.30 72.08 71.14 72.08 73.34
3 57.54 62.41 61.67 62.41 64.53
4 0.00 0.00 0.00 0.00 0.00

Figure 18. PMR of time series (Case 2).

3.2.4. PMRR of Time Series (Case 2)

The values of PMRR, dw(1), dw(2), dw(3), dw(4), and dw(5) are calculated using the
overlapping area method, membership degree method, Hamming approach degree method,
Euclidean approach degree method, and cardinal approach degree method, as shown in
Table 13.
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Table 13. PMRR calculated using different methods (Case 2).

Sequence
Number

w

Values of PMRR/%

Overlapping Area
Method

dw(1)

Membership
Degree Method

dw(2)

Hamming
Approach Degree

Method
dw(3)

Euclidean
Approach Degree

Method
dw(4)

Cardinal
Approach Degree

Method
dw(5)

1 0 0 0 0 0
2 −35.7 −27.92 −28.86 −27.92 −26.66
3 −42.46 −37.59 −38.33 −37.59 −35.47
4 −100 −100 −100 −100 −100

3.2.5. Fusion Results of Multiple Weighting Methods (Case 2)

In the process of bootstrap generation, take the sample data of PMR of the second
time series as an example. Let the sampling number q = 5, the times for the bootstrap
re-sampling B = 10,000, and the significant level α = 0. R2 = (R2(1), R2(2), R2(3), R2(4),
R2(5)) = (59.82%, 61.35%, 60.99%, 61.35%, 62.26%). The bootstrap re-sampling samples
R2bootstrap can be obtained by an equiprobable sampling, as shown in Figure 19.

Figure 19. Generated data of PMR of second time series (Case 2).

The PDF of the PCR data sample can be calculated for the second time series, as
shown in Figure 20. Thus, the estimated true value of PMR R20 = 61.18% and the maximum
entropy estimated interval [R2L, R2U] = [59.68%, 62.39%] are obtained for the sample data
of PMR of the second time series. Similarly, the estimated true values and the estimated
intervals can be obtained for the sample data of PMR of the other three time series. The
results are shown in Table 14.

Figure 20. PDF of PMR of the second time series (Case 2).

49



Lubricants 2022, 10, 97

Table 14. Estimated true values and estimated intervals for different time series (Case 2).

Sequence Number
w

Estimated True Value Rw0/%
Estimated Intervals

[R2L, R2U]/%

1 100 /
2 72.16 [71.02, 73.46]
3 62.72 [61.51, 64.69]
4 0 /

The calculated results of the estimated truth curve and the upper and lower bound
curve are shown for different time series in Figure 21. The estimated true value, lower-
bound value and upper-bound value of PMR decrease gradually and have trends of
nonlinear reduction over time. From the first time series to the second time series, the
estimated true value of PMR is rapidly reduced from 100% to 72.16%; from the second
time series to the third time series, the estimated true value of PMR is slowly reduced from
72.16% to 62.72%; from the third time series to the fourth time series, the estimated true
value of PMR is reduced from 62.72% to 0 very rapidly.

Figure 21. Maximum entropy estimated results of PMR (Case 2).

The PMRR for vibration performance of rolling bearings are calculated for different
time series, as shown in Table 15 and Figure 22. The estimated true value, lower-bound
value and upper-bound value of PMRR decrease gradually and have trends of nonlinear
reduction. From the first time series to the second time series, the estimated true value of
PCRR is rapidly reduced from 0% to −27.84%; from the second time series to the third time
series, the estimated true value of PCRR is slowly reduced from −27.84% to −37.28%; from
the third time series to the fourth time series, the estimated true value of PCRR is reduced
from −37.28% to −100% very rapidly.

Table 15. Estimated true values and estimated intervals of PMRR (Case 2).

Sequence
Number

w

Estimated True Value
dw0/%

Estimated Intervals
[d2L, d2U]/%

1 0 [/, /]
2 −27.84 [−28.98, −26.54]
3 −37.28 [−38.49, −35.31]
4 −100 [/, /]
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Figure 22. Maximum entropy estimated results of PMRR (Case 2).

This analysis result is more in line with engineering practice because the prior informa-
tion and current sample information of the vibration performance degradation information
of bearings in service were comprehensively considered by the proposed method. In addi-
tion, the HMEBM also considers the similarity between time series, which contains hidden
information regarding the degradation process of optimal vibration performance state.

4. Conclusions

Based on the HMEBM, the reliability model is established to evaluate the operation
performance status of rolling bearings, which has no requirements for the priori information
of data samples, types, and components of bearings.

1. Considering the operation status of rolling bearing, the variation degree of the optimal
vibration performance status can be calculated more accurately to ensure effective
maintenance of the system, reduce faults, and improve quality under the condition of
traditional probability statistics.

2. The similarities between time series are obtained using the overlapping area method,
membership degree method, Hamming approach degree method, Euclidean approach
degree method, and cardinal approach degree method.

3. The maximum entropy method, Bayesian theory, and bootstrap method are fused fully
to discover more information in time series of bearing vibration performance. The
estimated true values and maximum entropy estimated intervals of PMR and PMRR
are calculated to dynamically monitor the health status of rolling bearings online.

The performance degradation law of rolling bearing will be further studied under
a different load and speed. In order to verify the universality of the proposed method,
HMEBM will be used to evaluate the performance degradation process of other type
of bearings.
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Nomenclature

w Order number of time series.

r Number of time series.

N Number of original data.

i Order number of origin moment.

j Highest order number of origin moment.

xw(k) kth performance data in time series.

Xw wth time series.

fw(x) Probability density function of time series.

ciw Lagrange multiplier.

Hw(x) Information entropy of time series.

Ωw Feasible domain for the data sample of time series.

lnfw(x) Logarithmic value of fw(x).

miw Order origin moment.

aw;bw Mapping parameters.

hyfw(x) PPDF of the wth time series Xw.

Ω1w Intersection of feasible regions of data samples.

R1 PMR of intrinsic series.

ηw Overlapping area of PDF.

S1w Overlapping area of PPDF.

dpk Minkowski distance.

β3w Cardinal approach degree.

xminw; xmaxw Lower bound value and upper bound value in the time series.

xLw; xUw Lower boundary value and upper boundary value of estimated interval.

x1L; x1U Lower and upper bound values of confidence intervals for the PPDF

of intrinsic series.

x*
1L; x*

1U Lower and upper bound values of confidence intervals for the PDF

of intrinsic series.

x1w; x2w Abscissa values of the intersections for the PPDF of the wth time series

and Intrinsic series.

x*
1w; x*

2w Abscissa values of the intersections for the PDF of the wth time series and

the intrinsic series.

Rw(1) PMR calculated by using overlapping area method.

Rw(2) PMR calculated by using membership degree method.

Rw(3) PMR calculated by using Hamming approach degree method.

Rw(4) PMR calculated by using Euclidean approach degree method.

Rw(5) PMR calculated by using Cardinal approach degree method.

Rw Data sample of PMR for the wth time series.

Rw(γ) γth data in the PMR data sample for the wth time series.

Rwθ θth bootstrap re-sampling sample.

B Times of bootstrap re-sampling and number of bootstrap samples.

Rwθ(Θ) Θth data in the θth bootstrap re-sampling sample of PMR

Rwbootstrap Generated sample.

RwL; RwU Lower-bound value and upper-bound value of PMR.

dw0; dwL; dwU Estimated true value, lower-bound value, and upper-bound value of PMRR.

PDF Probability density function.

PMR Performance maintaining reliability.

PMRR Performance maintaining relative reliability.

PPDF Posterior probability density function.

HMEBM Hierarchical maximum entropy Bayesian method.
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Abstract: In recent years, the development of deep learning-based remaining useful life (RUL)

prediction methods of bearings has flourished because of their high accuracy, easy implementation,

and lack of reliance on a priori knowledge. However, there are two challenging issues concerning

the prediction accuracy of existing methods. The run-to-failure sequential data and its RUL labels

are almost inaccessible in real-world scenarios. Meanwhile, the existing models usually capture the

general degradation trend of bearings while ignoring the local information, which restricts the model

performance. To tackle the aforementioned problems, we propose a novel health indicator derived

from the original vibration signals by combining principal components analysis with Euclidean

distance metric, which was motivated by the desire to resolve the dependency on RUL labels. Then,

we design a novel self-attention augmented convolution GRU network (SACGNet) to predict the

RUL. Combining a self-attention mechanism with a convolution framework can both adaptively

assign greater weights to more important information and focus on local information. Furthermore,

Gated Recurrent Units are used to parse the long-term dependencies in weighted features such that

SACGNet can utilize the important weighted features and focus on local features to improve the

prognostic accuracy. The experimental results on the PHM 2012 Challenge dataset and the XJTU-SY

bearing dataset have demonstrated that our proposed method is superior to the state of the art.

Keywords: self-attention; gated neural network; remaining useful life prediction; health indicator

1. Introduction

Bearings are one of the key components in a rotating machinery system. The remaining
useful life (RUL) of a bearing is often defined as the length of a bearing from the current
time to failure [1]. If the damage time or the trend of the vibration signal can be predicted
from the collected vibration signal of a bearing, it is beneficial for identifying the adverse
running condition in time to avoid the sudden danger of bearings. Thus, the RUL of a
bearing is essential for the maintenance and management of mechanical systems [1,2].

In general, the RUL prediction of bearings can be sorted into two different directions:
physics-based methods and data-driven methods. Physics-based methods focus on physical
and mathematical models, e.g., partial differential equations and state-space models, which
require extensive prior knowledge [3–6].

Data-driven RUL methods directly use historical data to model the degradation pro-
cess of bearings without any prior knowledge.

Deep learning is a popular approach among data-driven methods, which can directly
build a deep neural network to model the degradation process as a functional relationship
between health states and original sensory data [7].
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Deep learning-based RUL approaches typically include the steps of data acquisition,
health indicator (HI) construction, and remaining useful life prediction [7].

Data acquisition is to collect the run-to-failure signals from different sensors that can
reflect the degradation process of bearings. The complete lifecycle data of a bearing are
usually high-dimension and nonlinear. Therefore, a suitable processing method to retain
the degradation features (i.e., HI) is necessary.

Health indicators such as the RUL labels are constructed by selecting the appropriate
characteristics from the original sensory signal. Since the damage extent of bearings cannot
be directly observed, the RUL labels are almost inaccessible in real-world scenarios. Thereby,
the critical information from the original data are extracted as HI to train the prediction
model, which is a crucial issue to the model [8].

Afterwards, several deep neural networks are designed to extract deep features from
the original sensory data and then predict the RUL. The prevalent models include RNN,
LSTM, CNN, etc. RNN are often used for predicting the time-series data. The prevalent
RNNs are mainly LSTM, GRU, and their variants, which can learn the general degradation
trend of the input data. However, they often overlook the local features in input data.
With respect to the sequence vibration signal of the bearing, these vibration data have
merely small fluctuations in long time series. Until the end of the bearing’s life, the vibration
fluctuates dramatically, which is often difficult to predict; hence, the existing models cannot
obtain satisfactory prediction results [9].

To tackle the aforementioned issues, we propose a novel health indicator-based re-
maining useful life prediction approach of bearings. The main contributions of this paper
are summarized as follows:

1. We combine the PCA with Euclidean distance metric methods to construct a health
indicator to tackle the problem of lack of RUL labels. Facing the high-dimensional
and long-term series data, PCA can reduce the data dimensionality while retaining
sufficient useful features. The Euclidean distance is to measure the similarity between
data to distinguish the different degradation stages. Compared with the existing
linear RUL labels, our HI is not only capable of representing the general degradation
trend of bearings, but it also can retain more local features from the original vibration
signal, which benefit the corresponding model’s learning and calculations.

2. We design a novel self-attention augmented convolution GRU network (SACGNet)
to predict the RUL. Combining the self-attention mechanism with a convolution
framework can both adaptively assign greater weights to more important information
and focus on local information. Furthermore, Gated Recurrent Units (GRU) are used
to parse the long-term dependencies in weighted features so that SACGNet can
utilize the important weighted features and focus on local features to improve the
prognostic accuracy.

3. Based on the designed HI and SACGNet, a novel remaining useful life prediction
approach is proposed. We conduct ablation experiments and different comparison
experiments on the PHM 2012 Challenge dataset and XJTU-SY bearing dataset. The ex-
perimental results prove the superiority of our proposed method.

The remaining part of this paper is organized as follows: In Section 2, we introduce
related works in the field of RUL prediction. We describe our proposed method in detail
in Section 3. The experimental results are discussed in Section 4. Finally, we conclude the
paper in Section 5.

2. Related Works

2.1. Health Indicator Construction

In deep learning-based RUL methods, HI construction currently has two branches in
general. One approach extracts simple physical fault characterization from the original
vibration signals as HI, using statistical methods or signal processing methods. For instance,
the root mean square (RMS) of the original vibration signal [10] or the percentage of useful
life (the current life divided by the total useful life) [11–14]. However, such HIs cannot
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represent enough useful degradation information of the original data. Thereby, using such
HIs as model input makes the model fail to accurately capture the degradation trend for
RUL prediction.

The other branch constructs the virtual HI by fusing multiple physical characteristics
or multi-sensor signals. These HI can filter out abnormal trends in the early degradation
stages, which is more suitable for model learning [15–18]. Guo et al. selected six related-
similarity features and combined eight time-frequency features so as to form an original
feature set that contains rich degradation signatures of bearings. Then, the selected features
are fused into an HI through an RNN [19]. Li et al. used KPCA to integrate multiple
features and introduced the EWMA to reduce the fluctuations for the constructed HI [20].
Li et al. designed the generative adversarial network to learn the data distribution in the
health states of machine, using the output of the discriminator as HI [21]. Liang et al.
proposed a novel index by calculating offset distance and offset angle between the current
state and normal state of devices [22].

In summary, the existing HI can only represent the global degradation process of
the vibration signal, but it fails to retain more local features. In order to extract more
representative features from the vibration signal and facilitate for the model learning,
a more effective HI construction method is proposed in this paper.

2.2. Prediction Model

With respect to regression model design, LSTM, GRU, CNN, and the attention mecha-
nism have been successively introduced into the field of RUL prediction.

LSTM uses input gates, forgetting gates, and output gates to regulate the information
of the input sequence, which enables the network to learn the long-term dependence of
the data and gain favorable results. Hinchi et al. used convolutional layers to directly
extract local features from sensor data, combined them with LSTM layers to capture the
degradation process of the bearing, and finally output the prediction values [23]. Whereas
LSTM solves the problem of gradient disappearance of traditional RNN to some extent,
the deliberate design of LSTM for RUL prediction is very time consuming [24,25].

GRU is a variant of LSTM, whose structure is further simplified to show better perfor-
mance than LSTM in smaller datasets [26,27]. Cao et al. use the BiGRU model to solve the
problem of distribution discrepancy [28]. However, with regard to LSTM and GRU, they
only use the features learned in the previous time step for regression prediction and often
do not pay attention to local features in the long time series [29].

CNN can extract features with less computational effort because of the sparsity of pa-
rameter sharing of the convolutional kernel and inter-layer connectivity. More importantly,
CNN focuses on the local features in the original vibration signal, which is suitable for RUL
prediction [30–33]. Wang et al. proposed a multi-scale convolutional network to improve
the domain adaptation capability of the RUL prediction model [34].

It is noted that the original vibration signal often contains different features with dif-
ferent levels of importance. The features that contain more important information should
be paid more attention. Hence, an attention mechanism is introduced to RUL prediction
of bearing to adaptively extract input features [35]. The self-attention mechanism aims to
correlate different states of sequences, which reduces the dependence on external informa-
tion and is more suitable for capturing the internal relevance of data or features [36,37].
Chen et al. constructed an encoder–decoder model based on the attention mechanism to
mine useful degradation information from a long historical vibration signal [38]. Chen et al.
proposed an attention-based deep learning framework for RUL prediction, which adopted
LSTM to extract features, and then combined with the attention layer to fusion the features,
LSTM extracted and manually extracted features [39].
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3. Proposed Method

Without loss of generality, given a bearing, vibration signals V = {v1, v2, . . . vm}, input
V to the health indicator construction module and get the HI = {h1, h2, . . . hm}. We expect
the model to predict the ht+1 value after input h1, h2, . . . ht.

Then, our proposed SACGNet learns the deep features in HI:

F(h1, h2, . . . , ht, θ) : h→ ht+1 (1)

where θ is the parameter on the model.
There is also a testing dataset of the vibration signal V′ = {v′1, v′2, . . . v′m}, which

after HI construction obtains H′ = {h′1, h′2, . . . h′n}.
Finally, inputing the H′ to the trained SACGNet, the model will predict the correct

value: ŷ′t = F(h′1, h′2, . . . , h′t), where ŷ′t is the model’s prediction value.
The whole structure of SACGNet is shown in Figure 1, including the health indicator

construction module and remaining useful life prediction module. First, input the orig-
inal signal of the bearings to the health indicator construction module to obtain the HI.
After data normalization and sliding window processing, input it to SACGNet for training.
In the testing stage, the predicted values are output by autoregression.

Output

Original signal

FC1

Remaining Useful Life Prediction Module

PCA Euclidean distance metric HI

C1 P1 C2 P2 D1

Health Indicator construction Module

FC2 FC3 D2MHA GRU

h2h2h2 h2h2h2

h1h1h1 h1h1h1

hnhnhn hnhnhn

h2h2h2 h2h2h2
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Attention 
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V

=
softmax

Output
When 
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Key
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+b

ReLU

MultiHead Attention layerConvolution layer

Figure 1. Proposed complete model.

3.1. Health Indicator Construction Module

If the dimension of the original signal is set to d, the matrix form of the original
vibration signal V = {v1, v2, . . . vm}, where vi denoted an acquired vibration data that can
be written as:

V =




v11 ... v1d
...

. . .
...

vm1 . . . vmd


. (2)

Principal components analysis (PCA) linearly transforms the data into a new coordi-
nate system such that the first major variance of any data projection is at the first coordinate
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(called the first principal component), the second major variance is at the second coordinate,
and so on.

VT is the de-averaged data. The singular value decomposition of V is:

V = W ∑ HT (3)

where the matrix W is the eigenvector matrix of VVT , ∑ is a non-negative rectangular
diagonal matrix, and H is the eigenvector matrix of VTV.

Assuming zero empirical means, the principal component w(1) of the dataset V can
be defined as:

w(1) = arg max‖w‖=1Var{WTV}. (4)

To obtain the k-th principal component, the previous k-1 principal components must
first be subtracted from V.

ˆVk−1 = V −
k−1

∑
i−1

wiw
T
i V (5)

Then, the k-th principal component is obtained to update a new dataset and continue
to search for principal components.

wk = arg max‖w‖=1E{(wT ˆVk−1)
2} (6)

Through PCA, we can reduce the original vibration signal’s dimensionality from d to
k. We retain the k principal components of the original signals; thus, the dimension of Vpca

is k, which can be abbreviated as {vpca1, vpca2, vpca3, . . . , vpcan}.

Vpca = pca(V) =




w11 . . . w1k
...

. . .
...

wm1 . . . wmk


 = {vpca1, vpca2, vpca3 . . . , vpcam} (7)

Using standard PCA to reduce the dimensionality of the original vibration data, we
can only retain the principal components of the data. In this paper, based on PCA, to
reduce the dimensionality of vibration data, we use Euclidean distance to calculate the
distance between the low-dimensional data to construct HI. The metric Euclidean distance
can obtain the similarity between one data in the time series and the neighboring points,
which can better reflect the trend of the neighboring data in the original vibration signal,
which means “capturing local features” we mentioned.

By calculating the average of the Euclidean distance from each point in Vpca to
the sequential neighboring points, we can obtain the HI corresponding to each point.
HI = {h1, h2, . . . hm}. The calculation process of hi is as follows:

hi =
1

2
(

√√√√
k

∑
j=1

(vpcaij
− vpca(i+1)j

)2 +

√√√√
k

∑
j=1

(vpcaij
− vpca(i−1)j

)2). (8)

HI will be input to the constructed SACGNet to make the model learn the relationship
between them. In order to make HI meet the dimensionality requirements of the model
input, a sliding window is set to process the data into the shape required by the model,
with a sliding window size of 20. Then, we obtain the X = {x1, x2, . . . xn}.

3.2. Remaining Useful Life Prediction Module

In this section, we describe our SACGNet in detail, as shown in the Table 1. We
combine a 1D convolution (Conv1d) block with self-attention mechanisms to extract deep
features from the input data. The Conv1d block focuses more on local features, and the
self-attention mechanism can extract global features of the data. GRU can identify long-
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term features in the input data, which is beneficial to adapt the bearings under different
operating conditions, thereby improving the prediction accuracy of our model [40,41].

Table 1. The architecture of SACGNet.

No Symobl Operator Kernel Size Dimension

1 Input Input signal / (None, 20, 2)
2 C1 Convolution 4 × 4 (None, 20, 80)
3 P1 Average pooling 1 × 1 (None, 20, 80)
4 C2 Convolution 4 × 4 (None, 20, 80)
5 P2 Average pooling 1 × 1 (None, 20, 80)
6 FC1 Fully connected 80 × 1 (None, 20, 80)
7 D1 Dropout / (None, 20, 80)
8 MHA Multi-Head Attention / (None, 20, 80)
9 FC2 Fully connected 80 × 1 (None, 20, 80)

10 FC3 Fully connected 80 × 1 (None, 20, 80)
11 D2 Dropout / (None, 20, 80)
12 GRU Gated recurrent units / (None, 80)
13 D3 Dropout / (None, 80)
14 FC4 Fully connected 1 × 1 (None, 1)

For convenience, we use C, P, FC, D, MHA, and GRU to denote the Conv1d layer,
the pooling layer, the fully connected layer, the dropout layer, Multi-Head attention layer,
and the GRU layer, respectively.

In the convolution layer, the calculation of the input data can be written as follows:

Xc = ReLU(X⊙ fi + bi) (9)

where ⊙ represents convolution operation. fi represents the ith convolution filter, and bi

is the bias. The convolution layers used ReLU as the activation function. Compared to
images, the vibration signal is time-series data; hence, the one-dimensional convolution
(Conv1d) neural network can be used to perform convolutional operations. The filters of
the Conv1d layer are set to 80, the kernel size is set to 4, the stride is set to 1. In our paper,
we select the average pooling layer.

The specific calculation process of the self-attention mechanism can be summarized
into two processes: calculation the weight coefficients based on the Query and Key, and sum-
mation of the weight values based on the weight coefficients. The first process can further
include the following: first, calculate the similarity or relevance between Query and Key,
and then normalize the found relevance. Its attention function can be described as mapping
a Query and a pair of key-value pairs to an output, where Queries, Keys, and values
are vectors and the output is computed as a weighted sum of values, where the weight
assigned to each value is computed by the compatibility function of the Query with the
corresponding Key.

In order to learn the expression of multiple meanings, the input data will be trans-
formed; WQ, WK, WV is the matrix of assigned weights. Self-attention represents a focus on
itself, so the equation can be denoted as follows:





Q = XcWQ = Linear(Xc)

K = XcWK = Linear(Xc)

V = XcWV = Linear(Xc).

(10)

The output matrix of self-attention is expressed as:

Attention(Q, K, V) = so f tmax(
QKT

√
dk

)V (11)
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where dk is the dimension of K, and the use of
√

dk is to change the attention matrix into a
standard normal distribution.

Multi-head attention can make the model pay attention to the information from
different representational subspaces; the output of the self-attention mechanism layer is
three-dimensional vectors, which are written as Xa:

Xa = Multi− Head(Q, K, V) = Concat(head1, . . . headh)W. (12)

In this paper, we choose h = 8, dk = dq = dv = 80, W ∈ Rhdv×dmodel , which are the
empirical values selected in the experiment.

Gated Recurrent Units (GRUs) are a gating mechanism in recurrent neural networks.
The calculation of the GRU can be written as follows:





Xa = {a1, a2, . . . an}
zt = σg(Wzat + Uzht−1 + bz)

rt = σg(Wrat + Urht−1 + br)

ĥt = φh(Whxt + Uh ∗ (rt ∗ ht−1) + bh)

ht = (1− zt) ∗ ht−1 + zt ∗ ĥt.

(13)

Among them, at is input vector Xa at time t, ht is output vector, ĥt is the candidate
activation vector, zt is the update gate vector, rt is reset gate vector, W, U, and b are the
parameter matrices, vector σg is a sigmoid function, and φh is a hyperbolic tangent. The
GRU layer receives the features extracted from the Conv1d layer and the Multi-Head
attention layer and then outputs the prediction value. The units of GRU are set to 80.

Finally, after the fully connected layer, the final output is obtained:

ŷt = FCN(ht). (14)

SACGNet is trained using the error back-propagation algorithm and gradient descent
method. The loss function of the training process is the mean square error function:

MSE =
1

n

n

∑
i=1

(yi − ŷi)
2 (15)

where yi is the true value, ŷi is the prediction value, and n is the total number of samples.
In addition, Adam is chosen as the optimizer of this paper, and the learning rate is set

to 10−3 [42].
Dropout is added to our SACGNet with the parameter set to 0.5 in order to reduce

overfitting by preventing complex co-adaptations on training data. The algorithm pseudo-
code is shown in as follow Algorithm 1.
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Algorithm 1: Proposed SACGNet.

1. The SACGNet algorithm for training is defined
as follows:
Input: Hyper-parameters of model (batch size, epoch,
dropout rate, learning rate, etc.), original signal V = {v1, v2, v3, . . . vm}
2. HI = {h1, h2, . . . hm}
3. By sliding window processing:

HI = {h1, h2, . . . hm} → X = {x1, x2, . . . xn}
Each x represents a batch h, the number of a batch is i

4. Y = {y1, y2, . . . yn} = {hi+1, hi+2, . . . hm}
5. For i = 1, 2, . . . n do:

X = xi−Min(X)
Max(X)−Min(X)

,Y = yi−Min(Y)
Max(Y)−Min(Y)

end
6. Build SACGNet model
7. w (parameters of the SACGNet) and b (biases) are initialized to zeros
8. Input X and Y to train SACGNet

Xc = Conv(X)
Q = XcWQ = Linear(Xc) K = XcWK = Linear(Xc) V = XcWV = Linear(Xc)

Attention(Q, K, V) = so f tmax(QKT√
dk

)V

Xa = Multi− Head(Q, K, V)
Output = GRU(Xa)
Compute MSE by (15)
w← Adam(MSE, w)
b← Adam(MSE, b)
end

Output: Trained SACGNet model for prediction
END

4. Experiments and Results

In this section, we use the IEEE PHM Challenge 2012 bearing dataset and the XJTU-SY
Bearing dataset to validate the effectiveness of our method.

4.1. Dataset Description

The IEEE PHM 2012 Challenge dataset was collected from the PRONOSTIA testbed,
as shown in Figure 2.

Figure 2. Pronostia bearing testbed.
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The PRONOSTIA test platform contains a rotating part, load part, and data collection
part. The motor power of the rotating part is 250 W. The power is transferred to the bearing
by the axis of rotation. The load part provides a load of 4000 N to make the bearing degrade
quickly. The acceleration sensor is placed on a bearing seat in horizontal and vertical
directions to select the vibration signals. The sampling frequency of the acceleration sensor
is 25.6 kHz. When the test platform starts to work, the vibration signal is recorded every
10 s, and the sampling time is 0.1 s [43].

The data provided by IEEE PHM Challenge 2012 include three different operating
conditions. Seven bearings (bearings 1-1 to 1-7) work in the first condition, the motor speed
is 1800 rpm, and the load is 4000 N. Seven bearings (bearings 2-1 to 2-7) work in the second
condition, the motor speed is 1650 rpm, and the load is 4200 N. Three bearings (bearings
3-1 to 3-3) work in the third condition, the motor speed is 1500 rpm, and the load is 5000 N.
Table 2 illustrates the details of the PHM 2012 dataset.

In this paper, the vibration dada of bearings 1-1, 1-2, 2-1, 2-2, and 3-1 are selected,
respectively, as the training set, while the rest of the bearings are selected as the testing set.
Table 2 illustrates the details of the PHM dataset.

Table 2. The detail of the PHM dataset.

Working Condition Rotation Speed Load Dataset Sample Number Bearing Lifetime Division

1 1800 rpm 4000 N

Bearing1-1 2803 7 h 47 m training
Bearing1-2 871 2 h 25 m training
Bearing1-3 1802 5 h 10 s testing
Bearing1-4 1139 3 h 9 m 40 s testing
Bearing1-5 2302 6 h 23 m 30 s testing
Bearing1-6 2302 6 h 23 m 29 s testing
Bearing1-7 1502 4 h 10 m 11 s testing

2 1650 rpm 4200 N

Bearing2-1 911 2 h 31 m 40 s training
Bearing2-2 797 2 h 12 m 40 s training
Bearing2-3 1202 3 h 20 m 10 s testing
Bearing2-4 612 1 h 41 m 50 s testing
Bearing2-5 2002 5 h 33 m 30 s testing
Bearing2-6 572 1 h 35 m 10 s testing
Bearing2-7 172 28 m 30 s testing

3 1500 rpm 5000 N
Bearing3-1 515 1 h 25 m 40 s training
Bearing3-2 1637 4 h 32 m 40 s training
Bearing3-3 352 58 m 30 s testing

The XJTU-SY bearing dataset is provided by the Institute of Design Science and
Fundamental Research of Xi’an Jiaotong University and contains the run-to-failure vibration
data from 15 rolling bearings [44].

As shown in Figure 3, the bearing testbed is composed of an alternating current
(AC) induction motor, a motor speed controller, a support shaft, two support bearings
(heavy duty roller bearings), and a hydraulic loading system. This testbed is designed to
conduct the accelerated degradation tests of the testing bearings under different operating
conditions (i.e., different radial force and rotating speed). The radial force is generated
by the hydraulic loading system and applied to the housing of tested bearings, and the
rotating speed is set and kept by the speed controller of the AC induction motor [44].
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Figure 3. XJTU-SY bearing testbed.

Three different operating conditions are set in the accelerated degradation experiments,
and five bearings are used under each operating condition. The sampling frequency is
25.6 kHz, and the sampling period is 1 min. Table 3 illustrates the details of the XJTU-
SY dataset.

Table 3. The details of the XJTU-SY dataset.

Working Condition Rotation Speed Load Dataset Sample Number Bearing Lifetime Division

1 2100 rpm 12,000 N

Bearing1-1 123 2 h 3 m training
Bearing1-2 161 2 h 41 m training
Bearing1-3 158 2 h 38 m testing
Bearing1-4 122 2 h 2 m testing
Bearing1-5 52 52 m testing

2 2250rpm 11,000 N

Bearing2-1 491 8 h 11 m training
Bearing2-2 161 2 h 41 m training
Bearing2-3 533 8 h 53 m testing
Bearing2-4 42 42 m testing
Bearing2-5 339 5 h 39 m testing

3 2400 rpm 10,000 N

Bearing3-1 2538 42 h 18 m training
Bearing3-2 2496 41 h 36 m training
Bearing3-3 371 6 h 11 m testing
Bearing3-4 1515 25 h 15 m testing
Bearing3-5 114 1 h 54 m testing

In this paper, the mean square error (MSE), root mean square error (RMSE), mean
absolute error (MAE), and mean absolute percentage error (MAPE) are used to evaluate
the prediction accuracy. They are respectively computed as follows:

MSE =
1

n

n

∑
i=1

(yi − ŷi)
2 (16)

RMSE =
√

MSE =

√
1

n

n

∑
i=1

(yi − ŷi)2 (17)

MAE =
1

n

n

∑
i=1

|yi − ŷi| (18)

MAPE =
1

n

n

∑
i=1

|yi − ŷi

yi
|. (19)

In Equations (18)–(21), yi is the label, ŷi is the model’s prediction value, and n is the
total number of samples.
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4.2. Different HIs Results

In this section, we compare different HI construction methods to validate the superior-
ity of our proposed HI construction method.

Figure 4 shows the results of different HI construction methods on the bearing 1-3
of the PHM dataset. It can be clearly observed from Figure 4a that the original vibration
signal of the bearing 1-3 is in a very smooth state with little fluctuation when the bearing
has just begun to work. In the degradation state, the vibration signal usually fluctuates
slightly, whereas the overall trend is upward. The signal fluctuation will increase sharply
when the bearing finally completely degrades.

(a) original signal (b) PCA + Pearson correlation coefficient (c) SAE + Euclidean metric

(d) SAE + Pearson correlation coefficient (e) SAE + Cosine similarity (f) TSNE + Std

(g) TSNE + Pearson correlation coefficient (h) TSNE + Cosine similarity (i) Our method

Figure 4. Different HI construction methods on the PHM dataset.

As shown in Figure 4b–h, the HIs constructed by the combination of TSNE and other
distance metrics basically do not have any regular change trend. Meanwhile, the methods
of SAE and Euclidean distance metric can retain the change trend of the original vibration
signal, but the early degradation and complete degradation stage of the bearing cannot
be completely distinguished. For the vibration signal of the bearing, PCA is a linear
transformation method for each of its principal components. Specifically, the linearity of
each point is calculated to obtain the principal components and then downscaled; thus, the
global trend of the original signal can be retained. Meanwhile, SAE is a nonlinear learning
model that requires a lot of training data to get a satisfactory performance. In contrast, our
proposed method, as shown in Figure 4i, is more suitable to reflect the change trend of the
original signal and can distinguish the early degradation and complete degradation stage
of the bearing, which is beneficial for SACGNet to improve its prediction accuracy.

In order to further illustrate the superiority of our HI construct method, we use the
percentage of the use life as the HI; then, we compare the RUL prediction results with our
proposed methods on the PHM dataset. The red lines are true values of HI, and the blue
lines are the prediction values of the model. Figure 5a–c is the RUL results of comparison
HI, while Figure 5d–f is the RUL results of our methods.
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(a) True RUL label Bearing1-4 (b) True RUL label Bearing1-5 (c) True RUL label Bearing1-6

(d) HI label Bearing1-4 (e) HI label Bearing1-5 (f) HI label Bearing1-6

Figure 5. The remaining useful life prediction using the True RUL label and our method as the label.

It can be seen that when the bearing true remaining useful life percentage is used as
the HI label, the model fails to learn the degradation trend of the bearing vibration signal,
and the final prediction results are not well-fitted. In contrast, using our proposed HI for
prediction, the degradation trend of the vibrtion data is depicted more accurately, and the
prediction accuracy of the model is improved. Note that our model can properly predict
RUL in the stages of rapid degradation of bearing operation, which is of great value for the
actual industrial scenarios.

4.3. Ablation Experiments

In order to observe the effects of the different layers in the proposed model, we conduct
ablation experiments on the PHM dataset and the XJTU-SY dataset. We let the model
constructs remain and respectively remove the Conv1d layer and Multi-Head Attention
layer for comparison models. We call them the NoAttention model and NoConv1d model,
respectively.

As seen in Table 4, with respect to the PHM dataset, our method achieved the best
results in 10 of the 11 bearing data for MSE, RMSE, MAE, and MAPE metrics. Using the
MSE metric, our model did not achieve the best result for bearing 2-5; the discrepancy with
respect to the best results (i.e., NoAttention model) is 0.002. For the RMSE, MAE, and MAPE
metrics, our model does not achieve the optimal results for bearing 2-7, the discrepancy
with respect to the best results (i.e., the NoAttention model) is 0.148, 0.124, and 177.228,
respectively.
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Table 4. Ablation experiments in PHM dataset.

Metric
Bearing

1-3
Bearing

1-4
Bearing

1-5
Bearing

1-6
Bearing

1-7
Bearing

2-3
Bearing

2-4
Bearing

2-5
Bearing

2-6
Bearing

2-7
Bearing

3-3

SACGNet 0.010 0.053 0.039 0.042 0.012 0.017 0.042 0.066 0.042 0.061 0.078
NoAttention 0.203 0.138 0.212 0.193 0.223 0.049 0.063 0.064 0.061 0.062 0.162MSE
NoConv1d 0.055 0.099 0.160 0.060 0.069 0.162 0.110 0.161 0.129 0.076 0.095

SACGNet 0.101 0.230 0.197 0.205 0.108 0.131 0.204 0.202 0.205 0.397 0.280
NoAttention 0.451 0.372 0.461 0.439 0.472 0.220 0.250 0.253 0.246 0.249 0.403RMSE
NoConv1d 0.236 0.314 0.401 0.245 0.263 0.403 0.332 0.402 0.359 0.276 0.309

SACGNet 0.041 0.157 0.077 0.079 0.022 0.033 0.081 0.071 0.083 0.220 0.161
NoAttention 0.373 0.304 0.382 0.359 0.394 0.201 0.148 0.225 0.167 0.096 0.368MAE
NoConv1d 0.216 0.215 0.273 0.203 0.256 0.387 0.271 0.375 0.303 0.178 0.205

SACGNet 1.300 1.461 5.800 2.707 2.526 13.290 14.128 15.778 48.944 188.952 11.879
NoAttention 26.616 3.542 64.021 38.050 86.298 89.249 33.654 47.493 83.542 11.724 22.317MAPE
NoConv1d 16.809 2.627 33.060 19.339 47.315 175.061 62.932 77.439 140.799 78.596 15.225

Furthermore, we also conducted the ablation experiment on the XJTU-SY dataset,
and the results are shown in Table 5. Using the MAE and MAPE metrics, our model did
not achieve the best results for bearings 1-5, 2-3, and 2-4 but only a discrepancy of 1.9%
from the best results. Using the MSE and RMSE metrics, our model did not achieve the best
results for bearings 2-3 and 2-4, but the discrepancy with the best results (i.e., NoAttention
model) was only 3.03%. Except for the afore-mentioned results, the performance of our
model is superior to the comparison models.

Table 5. Ablation experiments in the XJTU-SY dataset.

Metric Bearing 1-3 Bearing 1-4 Bearing 1-5 Bearing 2-3 Bearing 2-4 Bearing 2-5 Bearing 3-3 Bearing 3-4 Bearing 3-5

SACGNet 0.022 0.028 0.129 0.102 0.261 0.116 0.134 0.037 0.249
NoAttention 0.071 0.045 0.151 0.099 0.238 0.189 0.150 0.050 0.252MSE
NoConv1d 0.282 0.141 0.150 0.262 0.292 0.122 0.147 0.093 0.254

SACGNet 0.147 0.166 0.360 0.320 0.511 0.341 0.369 0.193 0.500
NoAttention 0.266 0.212 0.388 0.315 0.488 0.435 0.387 0.223 0.502RMSE
NoConv1d 0.531 0.376 0.387 0.512 0.540 0.350 0.383 0.304 0.504

SACGNet 0.117 0.088 0.206 0.307 0.428 0.249 0.256 0.069 0.447
NoAttention 0.229 0.137 0.198 0.301 0.400 0.333 0.276 0.098 0.450MAE
NoConv1d 0.447 0.274 0.194 0.479 0.462 0.297 0.294 0.211 0.447

SACGNet 12.904 0.714 3.217 12.090 0.862 8.714 17.105 31.240 1.251
NoAttention 39.583 1.903 0.798 12.442 0.750 8.626 19.341 53.358 1.286MAPE
NoConv1d 84.217 4.435 0.568 19.283 0.998 9.188 33.756 172.834 1.314

The results of the ablation experiments conducted on both bearing datasets prove that
our proposed model achieves the best results on the largest number of testing bearings.
In a comprehensive analysis, the degradation features of different bearings with different
operating conditions are different, Conv1d can extract the local features of the original
vibration signals, and the Self-Attention mechanism focuses on the global features, which
can be integrated to achieve more excellent results.s

4.4. Results of Different Models

In this section, we compare the overall prediction accuracy of our proposed model
with state-of-the-art methods on the PHM dataset and XJTU-SY dataset. The compared
models include CNN, RNN, LSTM, and GRU.
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As shown in Table 6, with respect to the PHM dataset, our model achieved the best
results in nine out of 11 bearings for MSE and RMSE metrics, and in nine out of 11 bearings
for MAE and MAPE metrics. Using the MSE and RMSE metrics, our model did not achieve
the best results for bearings 2-5 and 2-7. Using the MAE and MAPE metrics, our model did
not achieve the best values for bearings 2-7.

Table 6. Different models’ result in the PHM dataset.

Metric
Bearing

1-3
Bearing

1-4
Bearing

1-5
Bearing

1-6
Bearing

1-7
Bearing

2-3
Bearing

2-4
Bearing

2-5
Bearing

2-6
Bearing

2-7
Bearing

3-3

SACGNet 0.010 0.053 0.039 0.042 0.012 0.017 0.042 0.066 0.042 0.061 0.078
CNN 0.276 0.236 0.361 0.339 0.401 0.017 0.044 0.033 0.049 0.063 0.159
RNN 0.087 0.079 0.191 0.167 0.089 0.098 0.107 0.102 0.106 0.052 0.080
LSTM 0.051 0.154 0.099 0.088 0.100 0.134 0.126 0.080 0.129 0.153 0.232

MSE

GRU 0.156 0.130 0.220 0.212 0.122 0.047 0.173 0.074 0.150 0.621 0.255

SACGNet 0.101 0.230 0.197 0.205 0.108 0.131 0.204 0.202 0.205 0.397 0.280
CNN 0.526 0.486 0.601 0.583 0.633 0.132 0.209 0.182 0.221 0.250 0.399
RNN 0.295 0.282 0.437 0.409 0.299 0.313 0.327 0.319 0.326 0.229 0.282
LSTM 0.227 0.393 0.315 0.296 0.317 0.366 0.354 0.283 0.360 0.392 0.482

RMSE

GRU 0.395 0.360 0.469 0.461 0.350 0.216 0.416 0.272 0.387 0.788 0.505

SACGNet 0.041 0.157 0.077 0.079 0.022 0.033 0.081 0.071 0.083 0.220 0.161
CNN 0.431 0.401 0.492 0.473 0.529 0.079 0.121 0.127 0.129 0.094 0.361
RNN 0.272 0.230 0.405 0.371 0.277 0.305 0.297 0.307 0.302 0.137 0.208
LSTM 0.082 0.270 0.294 0.275 0.308 0.352 0.185 0.219 0.215 0.369 0.376

MAE

GRU 0.378 0.315 0.449 0.282 0.337 0.163 0.250 0.167 0.220 0.744 0.433

SACGNet 1.300 1.461 5.800 2.707 2.526 13.290 14.128 15.778 48.944 188.952 11.879
CNN 34.128 4.702 84.794 68.833 116.331 34.082 26.482 26.338 66.653 10.532 21.550
RNN 20.391 2.999 64.366 51.722 58.369 135.458 77.727 63.910 132.203 33.092 14.056
LSTM 4.084 3.941 46.745 34.372 64.918 157.411 43.524 45.461 107.898 160.438 25.883

MAPE

GRU 28.107 4.765 52.206 52.417 70.271 72.181 63.668 35.833 110.955 364.585 28.784

In order to indicate the superior performance of our model, we add the prediction
results of all the comparison models in the PHM dataset. Without loss of generality, we
visualize the prediction results for bearing 1-4, 1-5, and 1-6 in order to compare them with
the previous prediction results, as shown in Figure 6.

From Figure 6a,d,g,j,m, it can be seen that CNN has the worst fitting results on the
testing data. The difference between the CNN predicted values and the original signal is
very obvious, because the single CNN models are unsuitable for processing the time-series
data. The prediction results of RNN and GRU are slightly superior to those of CNN,
but there is still a visible difference from the original vibration signal. Furthermore, the
RNN performance is significantly inferior to LSTM on long-term series.

The prediction results of SACGNet and LSTM are similar on bearing 1-4, and the
fitting results of SACGNet are more favorable when combined with the four evaluation
metrics in Table 6. From Figure 6b,c,e,f,h,i,k,l,n,o, it can be seen that on bearing 1-5 and 1-6,
SACGNet has superior prediction results, which is consistent with the comparison results
of the four evaluation metrics in Table 6.
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(a) SACGNet prediction result of bearing1-4 (b) SACGNet prediction result of bearing1-5 (c) SACGNet prediction result of bearing1-6

(d) CNN prediction result of bearing1-4 (e) CNN prediction result of bearing1-5 (f) CNN prediction result of bearing1-6

(g) RNN prediction result of bearing1-4 (h) RNN prediction result of bearing1-5 (i) RNN prediction result of bearing1-6

(j) LSTM prediction result of bearing1-4 (k) LSTM prediction result of bearing1-5 (l) LSTM prediction result of bearing1-6

(m) GRU prediction result of bearing1-4 (n) GRU prediction result of bearing1-5 (o) GRU prediction result of bearing1-6

Figure 6. The prediction results of different models in the PHM dataset.
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Upon observation of the original vibration signal of bearing 2-7, the early degradation
states of bearing 2-7 show very sharp fluctuations, and the amplitude difference between
the early degradation and the complete degradation stage is very small. The vibration
fluctuation of the early degradation is even more severe than that of the complete degra-
dation stage. That may be the reason why our model did not achieve optimal results on
bearing 2-7.

As shown in Table 7, with respect to the XJTU-SY dataset, it can be seen that our model
has achieved the best resluts on most of the testing bearings, expect for the MSE of bearings
2-3 and 3-5, RMSE of bearings 2-3, 2-5 and 3-5, MAE of bearings 1-5, 2-3, 2-5, and 3-5, and
MAPE of bearings 1-5, 2-3, and 2-5, respectively.

Table 7. Different models’ results in the XJTU-SY dataset.

Metric Bearing 1-3 Bearing 1-4 Bearing 1-5 Bearing 2-3 Bearing 2-4 Bearing 2-5 Bearing 3-3 Bearing 3-4 Bearing 3-5

SACGNet 0.022 0.028 0.129 0.102 0.261 0.116 0.134 0.037 0.249
CNN 0.024 0.036 0.151 0.060 0.276 0.190 0.161 0.041 0.255
RNN 0.297 0.122 0.139 0.127 0.292 0.984 0.141 0.084 0.225
LSTM 0.276 0.136 0.150 0.276 0.292 0.260 0.615 0.097 0.147

MSE

GRU 0.276 0.144 0.150 0.123 0.292 0.107 0.170 0.331 0.236

SACGNet 0.147 0.166 0.360 0.320 0.511 0.341 0.369 0.193 0.500
CNN 0.154 0.191 0.389 0.244 0.525 0.436 0.401 0.203 0.505
RNN 0.545 0.349 0.373 0.357 0.540 0.314 0.375 0.290 0.474
LSTM 0.525 0.368 0.387 0.525 0.540 0.510 0.784 0.312 0.384

RMSE

GRU 0.526 0.380 0.387 0.351 0.540 0.331 0.413 0.575 0.486

SACGNet 0.117 0.088 0.206 0.307 0.428 0.249 0.256 0.069 0.447
CNN 0.134 0.093 0.200 0.228 0.444 0.333 0.297 0.077 0.454
RNN 0.469 0.249 0.194 0.332 0.462 0.231 0.311 0.252 0.421
LSTM 0.442 0.280 0.194 0.520 0.462 0.457 0.730 0.135 0.297

MAE

GRU 0.446 0.290 0.194 0.334 0.462 0.246 0.368 0.563 0.433

SACGNet 12.904 0.714 3.217 12.090 0.862 8.714 17.105 31.240 1.251
CNN 17.219 0.762 0.922 8.611 0.929 8.883 21.782 34.925 1.292
RNN 85.029 4.089 1.628 14.217 0.998 8.480 29.475 184.134 1.257
LSTM 84.945 4.599 0.568 19.232 0.998 15.022 90.756 77.418 1.546

MAPE

GRU 85.115 4.736 0.568 14.007 0.998 8.644 42.677 425.427 1.258

The reason for such results may be due to the fact that the experimental environment
of 2-3, 2-5, and 3-5 is slightly different from the conditions of the bearing dataset we chose
as the training set, and these datasets produce fluctuations in the degradation stage that
are equal to or even higher than the final complete damage. Specifically, the CNN model
achieved the best results on the bearing 2-3 dataset for four metrics, which may be because
the degradation process of bearing 2-3 is filled with many small-scale local fluctuations,
allowing the CNN to fit this process more directly. As for bearings 2-5 and 3-5, they do not
show much sharp fluctuations and also due to the small amount of data compared to the
other datasets, RNN and LSTM are able to parse their long-term serial relationships on
these two datasets.

In summary, from the comparison experiments on the two datasets, in most of the
cases, our model achieves the best prediction accuracy compared to the other existing
models, which demonstrates that our proposed model is applicable for RUL prediction.

5. Conclusions

In this paper, we explored a health indicator-based remaining useful life prediction
method. First, we combine principal component analysis (PCA) with Euclidean distance
measurement to construct the health indicator for tackling the dependency on RUL labels.
Then, we design a self-attention augmented convolution GRU network (SACGNet) to
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predict the RUL task, which utilizes the globe features as well as local important features to
improve the prognostic accuracy. To verify the effectiveness of the model, we conducted ex-
tensive experiments on two bearing datasets, respectively, and the results demonstrate that
SACGNet is superior to these existing models under several evaluation criteria. Meanwhile,
the model has excellent generalization performance for multiple bearings.
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Abstract: The assembly quality between bearing components will lead to an increase in the load

imbalance of each rolling element, which becomes a factor that affects the heat generation of precision

bearings. The motion and heat generation of angular contact ball bearing (ACBB) under different

assembly states were studied, and the quasi-static model of ACBB with outer ring tilting was

established. The contact angle, contact load and motion posture of rolling elements were obtained.

Then, the relative imbalance of the outer ring was experimentally simulated based on the outer spacer

ring with poor end-parallelism, and the thermal characteristics of the spindle system were monitored.

Through theoretical and experimental comparison, the influence of different skew degrees of rings on

bearing heat generation and spindle rotation accuracy was discussed.

Keywords: bearing heat generation; outer ring inclination; bearing assembly quality

1. Introduction

Precision bearing-spindle systems are the core support rotary parts of CNC machine
tools, and their service performance directly affects the processing accuracy and efficiency
of the equipment, in which the errors caused by thermal problems, such as thermal de-
formation and uneven heating of the bearing-spindle system, are dominant [1–4]. The
general mechanism of thermal error generation is as follows: under the joint influence of
frictional heat sources, such as rolling bearings and sealing structures, various parts of
the shaft system will generate different degrees of heat transfer and accumulation. With
the increasing demands on the thermal characteristics of the bearing-spindle system in
the precision machining process, the thermal characteristics’ variation in the precision
bearing-spindle system, triggered by different assembly processes and assembly quality,
has become an important link that cannot be ignored in the study of thermal problems of
the spindle system in precision machine tools.

Based on bearing force analysis, researchers mainly used the quasi-static analysis
model to consider the bearing force characteristics in its rotating state, and studied the force
relationship between the raceway and the ball under different external loads, focusing on
the influence of the centrifugal load and gyroscopic moment caused by the ball rotation on
the force between inside components [5–9]. In order to simplify the calculation, Jones [10]
assumed that the bearing fixed ring and rolling element maintained a pure rolling state,
namely raceway control assumption. Based on this, combined with the Hertz elastic
contact theory, a quasi-static analysis model was constructed, considering the combined
effects of centrifugal force and gyroscopic moment of the steel ball. Based on Jones’ model,
Harris [11] introduced elastohydrodynamic lubrication theory to the quasi-static analysis
of bearings, and the calculation of quasi-static analysis of bearings considering the dynamic
pressure lubrication effect of lubricant was successfully realized. On this basis, for the
purpose of overcoming the limitations of the raceway control assumption in Jones’ model,
a research team from Xi’an Jiaotong University [12] proposed a new method for calculating
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the attitude angle of the rolling element by considering the relative sliding action between
the raceway and the rolling element, which further improved the quasi-static model of
rolling bearing. Furthermore, Wang et al. at Beijing University of Technology [7] introduced
a quasi-static analysis model of bearing without raceway control, which truly realized
the quasi-static analysis of bearing, considering the real kinematic features of raceways
and rolling bodies. Through the analysis of the above research work, it can be found that
the current scholars have made a more systematic analysis of the internal contact state of
precision bearings based on quasi-static analysis model, as well as the above analysis is
mainly carried out under the conditions of correct bearing installation, that is, the above
analysis models do not take into account the actual assembly factors, such as abnormal
relative position of inner and outer rings and inclination. Nevertheless, in the actual
assembly process, especially for the ultra-precision bearing-spindle system, extremely
small assembly errors may lead to changes in the internal contact and force state of the
bearing, such as the outer ring tilting, due to the misalignment of the spacer ring. At
present, there are relatively few bearing mechanics models that consider the bearing ring
skew and other undesirable operating conditions. For example, in the classic monograph
in the bearing analysis presented by Harris [13], the static analysis model with inner ring
tilting is introduced, but it is limited by the model assumptions and cannot carry out the
study of contact characteristics under the operating condition of the bearing. Li et al. [14] of
Shanghai University performed a numerical simulation analysis of the contact stress in the
tilting condition of roller bearings. Li et al. [15] of Xi’an Jiaotong University studied a 5-DOF
model of angular contact ball bearings and analyzed the effect of non-uniformly distributed
preload force on the contact state of ball bearings during spindle assembly. In addition,
Zhang et al. [16] explored the changes in dynamic characteristics due to the outer ring
tilting, based on a 3-DOF quasi-static model of rolling bearing, and numerically analyzed
the effect of poor parallelism of the outer spacer ring on the vibration characteristics of some
bearings. In addition, some scholars have carried out research on bearing-spindle system
modeling and dynamic behavior. Jedrzejewski [17] presents modelling of moving sleeve
and spindle tip displacements in spindle bearing systems equipped with angular contact
ball bearings. The proposed model has been verified and can be used for the compensation
of spindle tip displacements. Evidently, the above work further enriches the research on
the characteristics of bearing systems. However, for precise analysis and prediction of
thermal characteristics of the precision bearing-spindle system, it is necessary to establish
a quasi-static model of bearing under the condition of outer ring tilting, which considers
the influence of centrifugal force and gyroscopic moment of the rolling elements at the
same time. In addition, limited by the bearing assembly process, experimental design and
other factors, the current operating characteristics research of bearings under abnormal
assembly and skewed rings, etc., mainly relies on theoretical analysis and prediction, and
lacks systematic experimental analysis and verification.

Considering the real service environment, the assembly quality between components
and the axial thermal deformation of components in the spindle system will lead to an
increase in load imbalance of each rolling element, which becomes a factor that affects
the heat generation of precision bearings that cannot be ignored. In this paper, based on
the quasi-static theory, the motion and heat generation of ACBB under different working
conditions and different assembly states were studied, and the quasi-static model of ACBB
with outer ring tilting was established. Additionally, the contact angle, contact load and
motion posture of the rolling elements were obtained, and the heat generation law of
the bearing under complex conditions was analyzed. Furthermore, in order to verify the
influence of the heat generation difference caused by the ring skew on the spindle system,
the relative imbalance of the outer ring during the bearing service was experimentally
simulated, based on the outer spacer ring with poor end-parallelism, and the thermal char-
acteristics of the spindle system were monitored by relying on Xi’an Jiaotong University’s
NSK precision spindle system experimental platform and the spindle rotation error analysis
under different working conditions was experimentally studied. Through theoretical and
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experimental comparison, the influence of different skew degrees of rings on bearing heat
generation and spindle rotation accuracy was discussed.

2. Static Analysis Model of Ball Bearing

This paper analyzes the position relationship of ACBB in the rectangular coordinate
system. As shown in Figure 1a, the origin o of the bearing coordinate system xyz is on the
center of the inner ring groove curvature center trajectory circle, the x-axis coincides with
the bearing centerline, the y-axis is radial, and the z-axis is determined by the right-hand
rule. Simultaneously, the ball azimuth angle is defined as the clockwise angle with the
y-axis in Figure 1b, and the azimuth angle of the jth ball is given.

ϕj = 2π(j− 1)/Z (1)

monitored by relying on Xi’an Jiaotong Univer-
sity’s NSK precision spindle system experimental platform and the spind
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Figure 1. (a) The coordinate system of ACBB; (b) the position angle ϕj of each ball.

When the bearing operates without being externally loaded, the initial distance be-
tween the inner ring’s raceway groove curvature center and the outer ring’s is Ao, as
presented in Figure 2a, which can be calculated as follows:

Ao = ( fi + fo − 1)× Db (2)

monitored by relying on Xi’an Jiaotong Univer-
sity’s NSK precision spindle system experimental platform and the spind
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Figure 2. The schematic diagram of ball-raceway contacts relationship: (a) the bearing is not externally

loaded in the initial state; (b) the bearing is externally loaded by the normal force.

Since the groove curvature center is relatively fixed, the ball is externally loaded by the
normal force Q and the normal limit value of the raceway groove curvature center distance
will change accordingly. The relationship formula of displacement and deformation is
obtained from Figure 2b.

S = Ao + δi + δo (3)

δn = δi + δo = S− Ao (4)
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The inner ring and outer ring are misaligned due to the slightly poor assembly quality
in the actual process of the bearing-spindle assembly, and the outer ring inclines relative to
the inner ring (inclination angle is θ). Assuming that the inner ring is fixed in space, the
outer ring moves respectively in axial and radial directions (the axial displacement is δa, the
radial displacement is δr) in the radial plane of bearing, under known external combined
axial and radial loads (the axial force is Fa, the radial force is Fr), and the trajectory of the
bearing groove curvature center changes after being external loaded, as shown in Figure 3.

 = + +

  = + = −
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Figure 3. Change in the trajectory of raceway groove curvature center: (a) the diagram of outer

ring tilt; (b) the raceway groove curvature centers under initial conditions; (c) the raceway groove

curvature centers after loading.

The distance Sj between the ball at any position angle in the circumferential direction
and the raceway groove curvature center of the bearing is calculated as follows:

Sj = [(Ao sin αo + δa + θRo cos ϕj)
2 + (Ao cos αo − δr cos ϕj)

2]
1/2

(5)

where Ro is the groove curvature radius of the outer raceway.

Ro =
dm

2
− ( fo − 0.5)Db cos αo (6)

According to Equation (4), the total contact deformation between the ball and the
raceways under the load is given as the following equation:

δnj = Sj − Ao = Ao

{[(
sin αo + δa + Roθ cos ϕj

)2
+
(
cos αo − δr cos ϕj

)2
]1/2
− 1

}
(7)

where δa = δa/Ao, δr = δr/Ao, θ = θ/Ao.
According to the load–displacement relationship between the ball and the raceway,

Q = Knδ3/2 (8)

Combining Equations (7) and (8), the contact force between the ball at any position
angle ϕj and the raceway can be obtained by

Qj = Kn Ao
1.5

{[(
sin αo + δa + Roθ cos ϕj

)2
+
(
cos αo − δr cos ϕj

)2
]1/2
− 1

}1.5

(9)
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The contact angle αj between the ball at any position angle ϕj and the raceway under
static load can be described as follows:

sin αj =
sin αo + δa + Roθ cos ϕj

[(
sin αo + δa + Roθ cos ϕj

)2
+
(
cos αo − δr cos ϕj

)2
]1/2

(10)

The normal load Qj in Equation (9) applied to the raceway is decomposed into two
components along the axial and radial, respectively, which are balanced with the external
axial load Fa and radial load Fr, and the static equilibrium equations can be expressed
as follows: 




Fa =
Z

∑
j=0

Qj sin αj

Fr =
Z

∑
j=0

Qj cos ϕj cos αj

(11)

By substituting Equations (9) and (10) into the above equilibrium equations, for the
bearing model considering outer ring inclination due to the misalignment between the
inner and outer rings, the axial and radial displacements can be solved by the iterative
method. After obtaining the displacement results, the ball-raceway contact load and contact
angle at any position angle can be calculated accordingly, and the results will be used as
the initial value of the quasi-static analysis.

3. Quasi-Static Analysis Model of Ball Bearing

The distance between the inner and outer raceway groove curvature centers is A0, as
shown in Figure 2a, in the absence of external load, while the distance is A0 + δi + δo under
external loads and the raceway groove curvature centers are still collinear with the ball
center, as shown in Figure 2b. However, as shown in Figure 4a, when the bearing works at
high speed, the ball is subjected to complex loading combinations, including centrifugal
force Fc caused by a high level of rotation, gyroscopic moment Mg induced by the spin of
the ball, and ball-raceway normal contact forces Qi and Qo. Because of the centrifugal effect,
the ball-raceway contact angle varies; consequently, the inner raceway groove curvature
center moves and the raceway groove curvature centers will not be colinear with the
ball center anymore, as shown in Figure 4bIn this article, the model has been developed
imposing the inner ring is fixed while the outer ring displaces in the global coordinate
system. Figure 4 shows the displacement relationship and as the ball center moves due to
the centrifugal effect, the outer and inner raceway contact angles are no longer equal.
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Figure 4. Mechanic and geometric relations: (a) the mechanic diagram of ball; (b) the geometric

relations.
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The final distances between the jth ball center and the raceway groove curvature
centers, respectively, are described as

∆ij = ( fi − 0.5)Db + δij (12)

∆oj = ( fo − 0.5)Db + δoj (13)

where δij and δoj are normal contact deformation between the ball and the inner and outer
raceways.

After analyzing the relative axial displacement δa, relative radial displacement δr, and
relative inclination angle θ of the inner and outer ring, the axial distance A1j and the radial
distance A2j between the inner and outer raceway groove curvature centers at position
angle ϕj can be written as

A1j = Ao sin α◦ + δa + Roθ cos ϕj (14)

A2j = Ao cos α◦ − δr cos ϕj (15)

In order to facilitate the analysis, the variables X1 and X2 are introduced. Combining
the Pythagorean theorem, the following equations can be deduced by analyzing the position
relations in Figure 4b:

{ (
A1j − X1j

)2
+
(

A2j − X2j

)2 −
[
( fo − 0.5)Db + δoj

]2
= 0

X2
1j + X2

2j −
[
( fi − 0.5)Db + δij

]2
= 0

(16)

In addition, it can be observed that at the position of the jth ball,





cos αij =
X2j

( fi−0.5)Db+δij

sin αij =
X1j

( fi−0.5)Db+δij

cos αoj =
A2j−X2j

( fo−0.5)Db+δoj

sin αoj =
A1j−X1j

( fo−0.5)Db+δoj

(17)

When the centrifugal force Fc, gyroscopic moment Mg, and contact forces Qi, Qo act
on the ball simultaneously, the forces applied to the ball in both the horizontal and vertical
directions satisfy the following equilibrium relations:





Qij sin αij −Qoj sin αoj −
Mgj

Db
(λij cos αij − λoj cos αoj) = 0

Qij cos αij −Qoj cos αoj +
Mgj

Db
(λij sin αij − λoj sin αoj) + Fcj = 0

(18)

As the ball bearing operates at high speed, the ball-outer race friction increases while
the ball-inner race friction decreases, and the characteristics are close to the outer race
control assumption, that is, the gyroscopic moment caused by the spin motion of the
ball relative to the outer race will be prevented by the friction between the two (they are
relatively pure rolling); therefore, λij = 0, λoj = 2.

Then, the centrifugal force and the gyroscopic moment of the jth ball can be expressed as

Fcj =
1

2
mdmω2

(ωm

ω

)2

j
(19)

Mgj = Jω2
(ωb

ω

)

j

(ωm

ω

)

j
sin β (20)

where ωm and ωb denote the orbital revolution and spinning angular speeds of the ball,
respectively. β is the ball pitch angle.
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In order to determine the relations between the bearing displacements δa, δr and the
external loads Fa, Fr, under the condition that the outer inclines relative to the fixed inner
ring, the equilibrium equations of outer ring are listed as follows:





Fa −
Z

∑
j

(
Qoj sin αoj − λoj

Mgj

Db
cos αoj

)
= 0

Fr −
Z

∑
j

(
Qoj cos αoj + λoj

Mgj

Db
sin αoj

)
cos ϕj = 0

(21)

Meanwhile, the bending moment M of the bearing is calculated as follows:

M =
Z

∑
j

[(
Qij sin αij −

λij Mgj

Db
cos αij

)
Ri +

λij Mgj

Db
ri

]
cos ϕj (22)

So far, the numerical analysis of quasi-static of the rolling bearing has been completed
by solving Equations (16), (18), (21) simultaneously, the relevant characteristics parameters
including ball-raceway contact angles and contact loads, axial and radial displacements of
outer ring will be obtained.

4. Heat Generation Calculation of Ball Bearing

Taking angular contact ball bearing (NSK7014C) as research object, the specific working
conditions that the external axial load Fa = 1400 N, external radial load Fr = 100 N and
bearing speed n = 2000–8000 rpm are set. According to the comprehensive sample handbook
for rolling bearing products offered by NSK Ltd., for the inclination of the outer ring due
to the poor assembly quality, the allowable angle error for the installation tilt between the
inner and outer rings of precision bearing is generally within 0.069◦. In order to avoid
abnormal working conditions, such as the obvious inclination with a large angle of the
outer ring, this article focuses on the force and temperature characteristics of precision
bearing in the case where the outer ring is slightly inclined. Therefore, the tilt angles of the
outer ring are selected as 0◦, 0.0052◦, 0.0104◦, 0.0156◦, 0.0208◦ respectively.

The characteristics of the contact force between the bearing ball and the ring at different
speeds are analyzed, and the results show that the variation law of the internal contact
force with the bearing speed is very similar. Therefore, the bearing operation speed is set
at 8000 rpm to analyze the ball-raceway contact angles and contact forces in the state of
different tilt angles of the outer ring.

In order to characterize the ball forces and operating state at any position angle,
the ball-raceway contact conditions are plotted in a polar coordinate system, the ball-
raceway contact load distribution is shown in Figure 5, and the ball-raceway contact angle
distribution is shown in Figure 6. The circumferential direction is the bearing ball number,
and the radius direction is the simulation result value of each calculated quantity.

As shown in Figure 5, the polar coordinate circle diagram shifts to the right as a whole,
as the outer ring inclination angle increases, that is, the ball-raceway contact forces increase
along the radial direction of force applied to the outer ring. At the same time, it can be
observed from the local magnification view that in the opposite direction of the radial
force applied to the outer ring, the ball-raceway contact forces at first slightly decrease
and then slightly increase, as the outer ring inclination angle increases. As shown in
Figure 6, when the inclination angle of the outer ring is zero, the ball-raceway contact
angles are approximately constant, presenting a regular circle located in the center of the
polar coordinate system, while the polar coordinate circle diagram shifts to the right as
a whole, as the outer ring inclination angle increases; the ball-raceway contact angles
increase along the radial direction of force applied to the outer ring, whereas the contact
angles decrease.
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Figure 5. Ball-raceway contact load distribution: (a) ball and inner ring; (b) ball and outer ring.
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Figure 6. Ball-raceway contact angle distribution: (a) ball and inner ring; (b) ball and outer ring.

During the bearing operation, the energy loss caused by the internal friction is con-
verted into heat generation. Therefore, the bearing heat generation power is calculated by
the friction torque and the rotation speed. Subsequently, the influence factors of bearing
friction torque mainly depend on the type, size, load, rotation speed, characteristics and
supply of lubricant and so on. Firstly, Palmgren and other scholars performed a large
amount of experimental studies, then analyzed the bearing thermal performance under the
conditions of different loads with light, medium and heavy states, different lubricant meth-
ods and different lubricant media and finally derived the empirical formula for bearing
friction torque. Therefore, the empirical formula has a reference function to some extent
under the low-speed operation conditions, while the heat generation calculation needs to
be improved under the high-speed operating conditions.

The empirical formula for bearing friction torque proposed by Palmgren contains the
following two parts: the friction torque M0 caused by lubricant viscosity and the friction
torque M1 caused by contact loads. However, due to the centrifugal effect during the
bearing high-speed operation, the changes in ball-raceway contact characteristics occur,
which leads to the ball-raceway contact friction torques’ variation. At the same time, the
friciton torque differs at different position angles. Therefore, in the calculation process, it is
necessary to split the bearing friction torque into the inner and outer rings’ components,
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then transform them into local components of local contact area at each position angle,
demonstrated by the following equations:

Mij =
1

Z
× Db

do

[
5× 10−11 f0(vn)2/3d3

m + 5× 10−4 f1

(
Fsi

Cs

)0.33

Fβidm

]
(23)

Moj =
1

Z
× Db

di

[
5× 10−11 f0(vn)2/3d3

m + 5× 10−4 f1

(
Fso

Cs

)0.33

Fβodm

]
(24)

Similarly, the frictional heat generation caused by the ball spinning motion cannot
be negligible during the bearing high-speed operation, and the ball-raceway spin friction
moments within the contact regions are given by

{
Msi =

3usiQiaiεi
8

Mso =
3usoQoaoεo

8

(25)

where usi and uso denote the friction coefficient between the balls and inner and outer
raceways, ai and ao represent the semi-major axes of the elliptical projected area of contact
between the balls and inner and outer raceways; εi and εo are the complete elliptic integrals
of the second kind, respectively.

The power loss is related to friction torque and rotation speed, the heat generation
within every contact region can be obtained by multiplying friction torque and rotation
speed and the total heat generation of bearing is given as

H =
Z

∑
j=1

(
Hij + Hoj

)
=

Z

∑
j=1

(
wrolli Mij + wsi Msi + wrollo Moj + wso Mso

)
(26)

where wrolli and wrollo are the angular velocities of rolling of the ball with respect to the
inner and outer race, wsi and wso are the angular velocities of spin of the ball with respect
to the inner and outer race, respectively.

wrolli and wrollo are expressed as follows:

wrolli = wi
dm

Db
, wrollo = −wo

dm

Db
(27)

where wi and wo are the relative angular velocities of balls with respect to the inner and
outer raceways (bearing axis as a reference).

By the establishment of the model for heat generation prediction in angular contact
ball bearing, the local and total heat generation of the bearing are obtained with different
rotation speeds and diverse outer ring parallelism errors, so as to investigate the influence
of outer ring inclination on bearing thermal characteristics. Figure 7 shows the effect of the
outer ring inclination on the total heat generation of bearing as the rotation speed varies.
That is, the heat generation of the bearing shows a curve change at different speeds. This
is because as the speed increases, it can be observed from the empirical formula that the
friction torque, caused by the viscosity of the lubricating medium, increases exponentially
with the speed change, resulting in a change in the curve in Figure 7. Figure 8 shows the
distribution of local heat generation of each ball at 8000 rpm.
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Figure 7. Effect of the rotational speed on the heat generation: (a) at bearing rotation speed of

2000 rpm and 4000 rpm; (b) at bearing rotation speed of 6000 rpm and 8000 rpm.

 

Figure 8. Local heat generation of balls at bearing rotation speed of 8000 rpm.

It can be observed from Figure 8 that the variation tendency of local heat generation
of the ball is consistent with the variation tendency of the contact angles, which means
that with the increase in the outer ring tilt angle, the heat generation in the radial direction
increases. While the heat generation decreases in the opposite direction of the radial force,
in the direction perpendicular to the radial force, it is constant. In addition, the heat
generation of the angular contact ball bearing shows a slight increase with the increase in
the outer ring tilt. The increment of total heat generation is small with the increase in tilt
angle at the same speed and is almost unchanged, which indicates that the inclination of
the outer ring has little impact on the total heat generation of the bearing. The total heat
generation of the bearing is mainly affected by the rotation speed; as the speed increases
gradually from 2000 rpm to 8000 rpm, the heat generation tends to increase progressively
by double with each 2000 rpm increase, meanwhile, the increase rate slows down gradually.

When the bearing is subjected to external loads, the outer ring inclination will lead to
uneven heat generation in the local contact area at each position angle inside the bearing.
When the spindle runs at a constant speed of 8000 rpm, the relative tilt angle of the outer
ring increases from 0◦ to 0.0208◦, the heat generation at different locations differs by
2.7 times, and the heat generation in the upper half of the bearing is larger than that in the
lower half.
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5. Experiments and Discussion

It can be observed from the above calculation that, with the impact of outer ring non-
parallelism, the heat generation at different positions in the circumferential direction inside
the bearing differs significantly, and the difference is more pronounced as the rotation speed
increases. However, due to the limit of testing technology for rotating components inside
the bearing, it is difficult to verify the effect of the ring non-parallelism on heat generation
through the temperature test of the inner ring directly, while it is also difficult for the
traditional outer ring temperature measurement to reflect the difference in temperature
rise directly, due to the influence of the complex heat transfer process inside the bearing. In
this regard, this paper attempts to measure rotary accuracy variation induced by expansion
and deformation of the bearing under different heat generation conditions, to indirectly
verify the effect of ring non-parallelism on the thermal characteristics of the bearing.

5.1. Description of the Precision Bearing Test-Rig

The experiment platform in this study adopts the WZ15B90-30SE precision spindle
provided by NSK Ltd. (Tokyo, Japan), the built-in tool shank specification for the BT40
broaching mechanism and the highest experimental rotation speed can reach 8000 rpm.
The bearing type is 7014CTYNSULP4, grease lubricated (during the bearing operation,
bearing grease and grease dosage were selected by referring to the bearing manual of NSK),
and installed on the spindle in the configuration of DBB. The motor is an SJ-V7.5-03 ZM
AC spindle motor manufactured by Mitsubishi Group, and the spindle is driven by the
belt. The spindle thermal displacement test experiment selects the spindle error analyzer
produced by Lion Precision, Oakdale, MN, USA, and the analyzer obtains the thermal
displacement data of the front end of the spindle by measuring the displacement change
in the standard ball (bar) fixed on the spindle front through the capacitive displacement
sensor. The standard ball is 25.4 mm in diameter, 50 nm in maximum roundness error,
20 mm in diameter at the clamping end, clamped and fixed in the tapered hole at the front
end of the spindle using a BT40 × ER32-70 tool holder. The capacitive displacement sensor
test heads are respectively mounted in the −X, −Y, −Z directions in Figure 9, and the three
directions indicate the horizontal radial, vertical radial, and axial coordinate directions, with
the standard ball center as the coordinate center, which is consistent with the coordinate
system setting of the previous theoretical analysis in this paper. The C8-2.0 capacitive
displacement transducer is set to the standard measurement range (250), the bandwidth is
set to 1 kHz (resolution 1.4 nm), and the sampling frequency is 360 Hz. Before the formal
test, the standard ball is clamped to the front end of the spindle by the tool holder, and then
the displacement transducer is installed at the corresponding measurement position and
adjusted to the center on the standard ball using the fine adjustment mechanism.

− − −

 

Figure 9. Spindle error analyzer equipment and the sensor installation: (a) spindle error analyzer;

(b) capacitance displacement sensor; (c) standard ball (stick); (d) displacement sensor installation

diagram.

83



Lubricants 2022, 10, 206

5.2. Analysis of Trajectory and Accuracy Error of Spindle Rotation

The test simulates the different outer ring balance degrees of the bearing by adjusting
the end face parallelism error of the short outer spacer inside the mechanical spindle system,
and then investigates its effect on the performance of the shaft system. In the experimental
simulation, bearing spacers with five tilting angles of 0◦, 0.0052◦, 0.0104◦, 0.0156◦, 0.0208◦

were machined, respectively.
After the spindle rotates and the temperature data reach a stable value, the radial X

and Y channel displacement signals are collected and recorded, and the spindle rotation
trajectory is plotted at each speed, as shown in Figure 10.

 

 

 

 

 
 

 

 

 

Figure 10. Effect of the spacer ring balance on the spindle rotation trajectory at different bearing

rotational speeds: (a) 2000 rpm; (b) 4000 rpm; (c) 6000 rpm; (d) 8000 rpm.

As can be observed from Figure 10, the spindle rotation trajectory is in the best
condition when the outer ring is not tilted. When the outer spacer parallelism is poor, the
spindle rotary trajectory becomes worse, both in terms of roundness and radial runout. The
TIR (total indicated runout) value of the spindle front end in both radial directions increases,
the rotary trajectory expands, and the width of the spindle front end runout trajectory
becomes larger accordingly, which shows that the outer spacer parallelism error causes
uneven heat generation inside the bearing and tilt deformation, and immediately results in
an increase in the NRRO (non-repeatable runout) value at the spindle front end. However,
it can be observed that the slewing accuracy does not completely increase with the increase
in the outer ring unbalance, and the slewing accuracy shows the phenomenon of interval
runout. In addition, it can be observed from the above analysis that in the heat generation
calculation of different inclinations of the bearing outer ring, the uneven heat generation
of the bearing is more obvious as the inclination increases, which shows a certain linear
relationship. However, in the experiment of spindle rotation accuracy under different outer
ring inclinations, it is found that the rotation accuracy of the spindle is the best when the
outer ring is not inclined. However, with the increase in outer ring inclination, the rotation
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accuracy does not have a similar linear relationship. This is because, for a precision spindle,
its rotation accuracy is jointly affected by many factors, such as thermal deformation of the
bearing, shaft structure, and modal frequency, etc.

The quantitative analysis results of the spindle-related motion errors can also be
obtained from the rotary error calculation, as shown in Figure 11 below, which compares
the spindle motion error values under each spacer accuracy type.

  

  

Figure 11. Effect of the spacer ring balance on the spindle rotation accuracy error at different bearing

rotational speeds: (a) 2000 rpm; (b) 4000 rpm; (c) 6000 rpm; (d) 8000 rpm.

As can be observed from the above figure, the spacer parallelism error causes uneven
heat generation in the circumferential direction of bearing and tilt deformation, which will
lead to the deterioration of rotational accuracy of the spindle front end, and the impact is
relatively small at the rotation speed of 2000 rpm and 4000 rpm, while the impact is great
at 6000 rpm and 8000 rpm. In contrast, the outer ring unbalance has a greater impact on the
spindle synchronization error, especially at higher speeds. However, further analysis shows
that the rotation accuracy of the spindle front end is worse than other working conditions
with the 0.0156◦(30 microns) inclined spacer and at 6000 rpm, which may be because at this
moment, the spindle is close to its natural vibration mode, resulting in inconsistency with
other rotational speeds. At the rotation speeds 2000 rpm, 4000 rpm, and 8000 rpm, it can
be observed that as the inclination of the bearing outer ring gradually increases from 0 to
0.0052◦(10 microns), 0.0104◦(20 microns) and 0.0208◦(40 microns), the rotation accuracy of
the spindle deteriorates, which indirectly verifies the effect of bearing ring inclination on
its internal heat generation.

6. Conclusions

In view of the skew of the spindle bearing ring in the machining and assembly process,
this paper carried out research work from both theoretical analysis and experimental
verification, and the conclusions are as follows:
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(1) Under a certain external load, the outer ring’s non-parallelism will lead to uneven
heat generation in the local contact area at each angle position of bearing. With
the increase in the outer ring’s non-parallelism, the difference in heat generation at
different angular positions will increase;

(2) The experiments show that the parallelism error of the spacer ring causes uneven
circumferential heat generation and tilt deformation of the bearing, which will lead to
the deterioration of spindle bearing rotational accuracy at high speed and in particular,
the synchronization error of the spindle will be more obvious.
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Abstract: A silicon nitride ceramic bearing has good self-lubricating characteristics. It still has a good

operational status under the condition of a lack of oil. However, the temperature distribution of a

silicon nitride ceramic bearing during its operation is unclear. To clarify the thermal distribution of a

full-ceramic ball silicon nitride ceramic bearing under self-lubricating conditions, the changing trend

of the rolling friction temperature between the rolling elements and channels with different accuracies

is analyzed using the friction testing machine. The bearing heat generation model based on the silicon

nitride material coefficient is established, and the life test machine measures the temperature of the

bearing to verify the accuracy of the simulation model. The results show that the friction temperature

between the ceramic ball and channel decreases with the increase in ceramic ball level. With an

increase in the ceramic ball pressure and temperature, the friction temperature rises. Under self-

lubrication, when the bearing bears a heavy load, the influence of the rotating speed on temperature

rise tends to decrease. Under the condition of high speed, with the increase in load, the change range

of temperature rise shows an upward trend. The important relationship between the bearing’s heat

and bearing’s load and speed is revealed. It provides some theoretical guidance for the thermal

analysis of a silicon nitride ceramic ball bearing under the self-lubricating condition to improve the

service life and reliability of full-ceramic ball bearings.

Keywords: full-ceramic ball bearing; self-lubricating; ceramic ball; heat generation analysis; conduct

heat; friction torque; temperature distribution

1. Introduction

Engineering ceramic materials, such as silicon nitride (Si3N4), silicon carbide (SiC) and
zirconia (ZrO2), are widely used in high-precision fields such as the aerospace and military
industries because of their excellent characteristics of wear resistance, corrosion resistance,
high- and low-temperature resistance, high hardness, high strength, low density, low
expansion coefficient and self-lubrication. Silicon nitride (Si3N4) stands out in engineering
ceramics because of its higher hardness, wear resistance and light weight [1,2]. It is
considered to be the best substitute for bearing steel. Full-ceramic bearings made of
silicon nitride materials have the characteristics of high hardness, high wear resistance,
being lightweight and high thermal stability. Therefore, full-ceramic ball bearings have
great advantages in high-temperature, high-speed and acid corrosion environments [3,4].
Ordinary bearings must add lubricating oil and other media to improve their performance.
Mohamed G. A. Nassef researched the superiority of graphene in enhancing the load-
carrying capacity and damping of grease in rolling bearings [5]. The self-lubricating
characteristic of silicon nitride helps to improve the operating characteristics of full-ceramic
bearings in a poor oil state. However, due to the root problem of friction heat generation
between materials, under the working conditions of a heavy load and high speed, the
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friction heat generation between various components in a ceramic bearing is the main
reason affecting the formation of a thermal field in the working process of the bearing [6].
The study is on the effect of grease level on mechanical vibrations associated with the
damaged rolling bearings.

The formation of the thermal field is directly related to the service performance
and service life of the bearing. Because the working state of the bearing is complex, the
formation of the bearing thermal field is closely related to its running state [7]. The thermal
state of the bearing comes from the friction between the moving pairs of the bearing. The
load working state amplifies the heat source and the external environment assists in the
increase or decrease in the heat source. The formation of this heat has a great impact on
the service performance of the bearing [8]. Sun Jian analyzed the factors that affect the
surface quality of silicon nitride ceramics. It has been found that between friction depth
and speed, the latter factor has a greater impact on friction force and the quality of the
surface [9]. Ma S. analyzed the radial load applied to the bearing; the peak impact force
is more sensitive to the bearing’s speed changes [10]. Kannel et al. studied the bearing’s
rolling element by taking the infinite surface heat transfer as the premise and obtained the
calculation method of the contact surface temperature of the rolling element [11]. Hannon
obtained the formula that the corresponding size change of the bearing is determined by
the change in the bearing’s temperature gradient, and put forward a new friction heat
generation model of the rolling bearing by analyzing the relationship between the internal
component temperature of the bearing and the friction heat generation power [12,13].

It can be seen from the above that many well-known scholars have conducted in-depth
research on bearing heat generation and obtained many results. However, the thermal
analysis of bearings is mainly focused on metal bearings, while the thermal analysis of
full-ceramic bearings is still relatively rare. Many scholars are studying the dry friction
characteristics of silicon nitride ceramics and analyzing the friction changes formed by
cage materials and ceramic crystal structures [14,15]. In the application of the bearing,
the main reason for its heat generation is the mutual movement between the inner and
outer rings of the bearing and between the cage and the rolling element, in which the
load and rotation speed have an important impact on its temperature [16]. The surface
roughness and roundness of the bearing’s rolling element have a certain influence on the
running heat of the bearing. The amount of heat produced by this movement depends
on several factors, including the degree of roughness and roundness of the ceramic ball’s
surface and the bearing’s inner and outer ring channels [17]. The inclination of the bearing’s
outer ring also has an important influence on the heat generation of the bearing [18]. The
temperature distribution of the entire ceramic bearing will also be impacted by the frictional
characteristics between the cage and the rolling body. Based on Palmgren’s empirical
formula, a thermal dynamic analysis model is established for full-ceramic bearings under
self-lubricating conditions [19]. It is difficult to test the bearing under high-speed and heavy-
load conditions. At the same time, it is difficult to measure the temperature of each part
of the bearing. Thus, the analysis and prediction of the thermal changes between various
bearing parts are necessary. Therefore, the analysis of the friction between the rolling
element and the groove of the ceramic bearing is the basis of bearing heat generation.
The bearing’s heat under a high speed and heavy load is analyzed through the heat
generation model and the test of the ceramic bearing, which is helpful to predict the service
performance of full-ceramic ball bearings.

2. Experimental Section

2.1. Experimental Materials

In order to better reveal the influence of ceramic ball level and friction state on the
thermal state of silicon nitride under the condition of self-lubricating of full-ceramic ball
bearing, the friction temperature between silicon nitride ceramic ball and inner and outer
rings was explored. This experiment used a ceramic ball and ceramic block with a channel
for experimental analysis. The friction and wear tests of silicon nitride ceramic balls
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and silicon nitride ceramic blocks with different specifications were carried out. The
characteristics of silicon nitride material are shown in Table 1. The level and specification
of the ceramic ball are shown in Table 2.

Table 1. Material properties.

Density
(g.cm−3)

Young’s
Modulus

(GPa)

Poisson’s
Ratio

Thermal Expansion
Coefficient
(10−6/◦C)

Specific Heat
Capacity

(J/(kg∗K))

Fracture
Toughness
(MPa∗m1/2)

Compressive
Strength

(MPa)

3.07–3.21 (20 ◦C) 310 0.27 3.5–3.9 (20–1000 ◦C) 711.7 7–12 4500

Table 2. Ceramic ball level and specification.

Level Roughness (µm) Roundness (µm)

G3 0.009 0.07
G5 0.013 0.1

G10 0.18 0.24

2.2. Characterization Methods

The test was carried out by a friction and wear testing machine (MFT-500, Rtec
Instruments, San Jose, CA, USA). The parameters used in the friction test are shown
in Table 3. The test process and ball clamp status are shown in Figure 1. In the experiment,
the friction and wear tester recorded the friction coefficient; at the same time, a FLIR thermal
imager (FLIR Systems, Inc., Wilsonville, OR, USA; Accuracy is ±1%) was used to detect
and record the temperature. After the experiment, firstly, the detected temperature value
was averaged. Then, the worn spherical surface was observed by a three-dimensional
microscope (KEYENCE, Osaka, Japan). Next, the surface morphology of the Si3N4 ball
after wear was analyzed by scanning electron microscopy (SEM) (FEI, Hillsboro, OR, USA),
and the wear mechanism under different loads and rotation speeds was deduced. Then,
based on the temperature and coefficient of the ceramic ball in the process of rolling friction,
the bearing heat generation model was established. The model was used to predict the
temperature rise state of full-ceramic bearings. Finally, the temperature change trend of the
bearing is tested by the life test machine (Hangzhou Bearing Testing Center, Hangzhou,
China). The test equipment of bearing is shown in Figure 2. The predicted bearing
temperature is compared with the test temperature value to verify the correctness and
accuracy of the model.

Table 3. Test grouping.

Group
The Precision of Silicon

Nitride Ceramic Ball
Speed v (r/min) Apply Load F(N) Test Time (s)

Ni (i = 1 . . . 8) G3, G5, G10 500
5, 15, 25, 35, 45, 55, 65,

75
1800

Fi (i = 1 . . . 9) G3, G5, G10
100, 200, 400, 500, 600,

700, 800, 900, 1000
35 1800

G3, G5, G10 G3, G5, G10 500 35 1800

89



Lubricants 2022, 10, 213

 

Bearing

Temperature 
sensor

Load  
system

Control 
system

Test 
chamber

 

Figure 1. Friction experiment and the geometric contact of the roll with the channel.
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Figure 2. Bearing life strengthening testing machine.

3. Results and Discussion

3.1. The Analysis of Silicon Nitride Ceramic Ball Friction State

It can be seen from Figure 3 that the precision level of the ceramic ball is high and
the friction temperature is low. The friction temperature of the G3 ceramic ball changes
slightly. As the level of the ceramic ball decreases, the roughness decreases, and the friction
temperature increases with the same load environment. This is due to the roughness in-
crease, which leads to the increase in the friction force and temperature. Figure 3 shows the
initial friction temperature of the ceramic balls is relatively high in the friction experiment
process. With the progress of friction, the surface temperature fluctuates between 5 ◦C and
10 ◦C at G1 and G2, but the fluctuation range reaches about 40 ◦C at G10. Figure 4 shows
that the friction coefficient of the three levels of ceramic balls is relatively high at the initial
stage of friction. The coefficient of friction of the G3 level ceramic balls is relatively low,
and the change is relatively smooth. The friction coefficient of the G10 ceramic balls is high,
and the overall change is relatively large.
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Figure 3. The friction temperature of the different level ceramic ball under the same conditions.

 

 
Figure 4. The friction coefficient of the different level ceramic ball under the same conditions.

The friction temperature changes with the transformation in the roundness of the
ceramic ball. When the roundness of the ceramic ball is relatively high, the temperature
formed by friction decreases, which means that the roundness of the ceramic ball is very
high and the temperature rise conversion rate is relatively smooth. However, with the
extension in friction time, the friction temperature of the ceramic ball with low roundness
is relatively large.

Figure 5 shows that the temperature rise of the bearing in operation will increase with
the increase in its load. The temperature rise of the ceramic ball bearings is relatively low,
and the effect of load on the temperature rise tends to be linear. However, with the load
increase, the temperature of the G10 ceramic ball changes significantly at the beginning,
and then the temperature rise changes slowly. This is because the surface roughness of the
G3 ceramic ball is relatively low and the surface is smooth. The friction force is small under
the load condition and the friction temperature is low. However, the surface roughness
of the G10 ceramic ball is high. In the initial stage of bearing load, it is affected by some
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wave peaks on the surface, which increase the friction force. The decrease in friction force
reduces the range of temperature rise.

 

,

 
 

 

 

Figure 5. The change in the ceramic ball temperature under different pressures.

When the rotational speed increases, the bearing’s temperature rises; however, as the
level of the ceramic ball increases, there is less of a temperature shift, as shown in Figure 6.
As the speed increases, the temperature of the bearing with G3 ceramic balls steadily rises.
However, as the speed increases, the temperature rise of the bearing using G10 ceramic balls
changes substantially. When the rotation speed of the bearings with G10 and G5 ceramic
balls is 600 r/min, the temperature changes arrive at the turning point. When the speed is
greater than 600 r/min, the temperature tends to slow down with the speed increase. This
is because when the speed of the bearing’s rolling body is low, the contact area between
the rolling body and the raceway surface increases under the action of centrifugal force,
leading to the aggravation of the friction phenomenon. Under certain load conditions,
when the speed is greater than 600 r/min, partial peaks on the contact surface are reduced
because of the centrifugal force of the friction force between the bearing’s rolling element
and the raceway contact surface. Thus the surface friction force is reduced. As a result, the
effect of the speed on the temperature is reduced.

 

,

 
 

 

 
Figure 6. The temperature change of ceramic ball under different rotational speeds.

As shown in Figure 7, the surface roughness of the ceramic ball increases significantly.
There are grind marks on the ball’s surface after the friction experiment. The appearance of
wear marks directly affects the friction and temperature. It can be observed from Figure 8b,c
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that when the ceramic ball is under the same speed and pressure conditions, the friction
marks on the surface of the G3 ceramic ball are relatively shallow and the wear marks of
G5 and G10 are deeper. This is because the contact surface of a high-precision ceramic ball
is relatively smooth and the friction is relatively small. The surface wear traces and the
wear defects of the G10 ceramic ball are increased when the balls are under heavy-load
conditions. µm μ

(a) (b) 

yFigure 7. Surface morphology before and after the experiment. (a) G5 Ceramic ball surface before

testing, (b) G5 Ceramic ball surface after testing.

μ

y

(a) (b) 

(c) (d) 

Figure 8. Cont.
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(e) (f) 

y

𝑉 = 12 ∙ 2𝜋𝐷 𝑛60
𝑛 = 12 𝑛 1 − 𝑟 + 𝑛 1 + 𝑟

 𝑟 = 𝐷 ∙ 𝑐𝑜𝑠𝛼 𝐷⁄ α

Figure 8. Surface morphology before and after the experiment.(a) G3 V = 500 r/min, F = 35N,

(b) V = 500 r/min, F = 35N, (c) G10 V = 500 r/min, F = 35N, (d) G10 V = 100 r/min, F = 75N, (e) G10

V = 500 r/min, F = 75N, (f) G10 V = 1000 r/min, F = 75N.

3.2. Dynamic Model of Ceramic Bearing under Self-Lubrication

Bearings are components that can bear loads and rotate at the same time. During the
rotation, the rolling elements will revolve around the central axis of the bearing; at the same
time, they will also rotate around their axis [20]. To better analyze the heat generation state
during the bearing’s operation, it is assumed that there is no relative displacement between
the shaft and the bearing’s inner ring when establishing the model; and the slight influence
of contact deformation and rotational speed on inertial force and contact friction force is
not considered.

Figure 9 shows the running shape of the internal components of the ball bearing
during the movement. The motion state of the rolling element of the bearing has a certain
influence on the frictional heat. The rolling element in the bearing has a self-rotation around
its axis and a revolution around the center of the inner ring.

90°

0°
（360°）

45°

135°

180°

225°

270°

315°

O

P

Mainly load 
zone

 

𝑛 = 𝐷2𝐷 𝑛 − 𝑛 1 + 𝑟 1 − 𝑟
𝑊 = 𝜋60 𝑛 1 − 𝑟 + 𝑛 1 + 𝑟

𝐹 = 0.5𝑑 𝑚𝜔𝑀 = 𝐽𝜔 𝜔 𝑠𝑖𝑛𝛽
𝑄 = 𝐾 𝛿 ⁄   ;  𝑄 = 𝐾 𝛿 ⁄

𝐹 − 𝑄 𝑠𝑖𝑛𝛼 = 0
𝐹 − 𝑄 𝑐𝑜𝑠𝛼 = 0

𝑀 − 𝑑2 𝑄 𝑐𝑜𝑠𝛼 = 0 

Figure 9. The structure of rolling bearing.
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The orbital speed of the rolling is

Vm =
1

2
·2πDpwnc

60
(1)

Dpw is the diameter of the bearing’s pitch circle, and nc is the revolution speed of the
rolling body.

The revolution speed of the rolling body can be obtained from Formula (1)

nc =
1

2
[ni(1− r) + ne(1 + r)] (2)

ni is the speed of the inner ring of the bearing, ne is the speed of the outer ring of the
bearing, r = Dm·cosα/Dpw and α is the contact angle of the bearing.

Because the rotational speed of the rolling body is equal to the relative speed of the
inner ring in the contact area, the rotational speed of the bearing’s rolling body can be
given as

nm =
Dpw

2Dm
(ne − ni)(1 + r)(1− r) (3)

where Dm is the diameter of the rolling body.
Combined with Formula (3), it is obtained that the revolution angular velocity of the

rolling body is

Wc =
π

60
[ni(1− r) + ne(1 + r)] (4)

The following expression can determine the centrifugal force and gyroscopic moment
of the rolling body {

Fej = 0.5dmmω2
cj

Mgj = Jωbjωcjsinβ j
(5)

Ke and Ki are the load deformation coefficients of the rolling body, and outer and
inner ring.

Qij = Kijδ
3/2
ij ; Qej = Kejδ

3/2
ej (6)

With the force balance of the bearing’s rolling body under the combined load, the
following force balance equation can be obtained

Fa −
z

∑
j=1

Qijsinαij = 0 (7)

Fr −
z

∑
j=1

Qijcosαij = 0 (8)

M−
z

∑
j=1

dm

2
Qijcosαij = 0 (9)

Fa is the axial preload acting on the bearing; Fr is the radial preload; M is the overturn-
ing moment.

The bearing’s rolling body is contacted with the inner and outer ring and the cage,
and the contact situation is shown in Figure 10. Due to the role of bearing clearance, there
is an eccentricity in the rotation center of the inner and outer ring as shown in Figure 9. The
existence of the eccentricity of O0O1 in Figure 10 makes the force acting on the rolling body
different in one rotation period [21]. It can be analyzed from Figure 8 that the rolling body
is subjected to a relatively large load in the 180◦ area of the bearing. There is close contact
between the inner and outer ring and the rolling body so that the temperature rise of the
bearing here is maximum, as shown in Figure 9. On the other hand, when the bearing is
located at 0◦ (360◦), the contact between the rolling body and the groove is relatively small,
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and the load is the smallest so that the temperature of the bearing in this area is relatively
low as shown in Figure 9.





Qijsinaij −Qejsinaej + Fijcosaij − Fejcosaej = 0

Qijcosaij −Qejcosaej + Fijsinaij − Fejsinaej + Fej = 0

Fej + Fij − 2Mgj/D = 0

(10)

ontacted with the i

 

 

𝑄 𝑠𝑖𝑛𝑎 − 𝑄 𝑠𝑖𝑛𝑎 + 𝐹 𝑐𝑜𝑠𝑎 − 𝐹 𝑐𝑜𝑠𝑎 = 0𝑄 𝑐𝑜𝑠𝑎 − 𝑄 𝑐𝑜𝑠𝑎 + 𝐹 𝑠𝑖𝑛𝑎 − 𝐹 𝑠𝑖𝑛𝑎 + 𝐹 = 0𝐹 + 𝐹 − 2𝑀 𝐷⁄ = 0
 

𝑛 < 2000𝑀 = 160 × 10 𝑓 𝐷𝜈𝑛 ≥ 2000 𝑀 = 10 𝑓 𝜈𝑛 / 𝐷

Figure 10. Bearing mechanics diagram.

Bearing heat generation is mainly the rolling body and bearing inside and outer ring
friction heat generation. Palmgren summarized the calculation formula of the friction
torque of the bearing under unload and load through many experiments [19].

The frictional moment generated by lubricant viscosity during the bearing’s empty
load is shown by:

n < 2000

M0 = 160× 10−7 f0D3
pw (11)

νn ≥ 2000

M0 = 10−7 f0(νn)2/3D3
pw (12)

f0 is the coefficient related to bearing type and lubrication, ν is the lubricant’s dynamic
viscosity, and n is the bearing’s speed.

For the load-dependent friction moment, M1

M1 = f1P1Dpw (13)

f 1 is the coefficient related to the bearing’s type and load, and P1 is the bearing’s
equivalent dynamic load.

Therefore, the friction moment of the bearing formula is M = M0 + M1.
Because ceramic ball bearings are mostly used in high-speed rotation conditions, the

spin sliding between the rolling body and the bearing’s internal roller channel is also one
of the main movements. The heat generated by spin friction is added on the basis of
Formulas (11)–(13) so that the empirical formula is more accurate [22].

Ms =
3µQαE(η)

8
(14)
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Ms is the spin friction moment of the rolling body, α is the bearing’s roller contact long
half shaft, µ is the friction coefficient between the bearing’s roller body and rolling body, Q
is the normal contact load between the bearing’s rolling body and rolling body, and E(η) is
the second type of elliptic integral of the roller contact zone.

Heat generated in the inner ring

Hi = 10−3Wc·Mi + 1.047× 10−4Msi·nm·z (15)

Heat generated in the outer circle

He = 10−3Wc·Me + 1.047× 10−4Mse·nm·z (16)

z is the number of rolling bodies.

3.3. Heat Transfer Model

The bearing, rotating shaft and bearing seat are symmetrical rotation bodies. In the
absence of radial torque load, the friction heat generated on the internal and outer circle
remains unchanged along the circumference, and the friction heat generation and heat
transfer model of the rolling body on any azimuth angle are similar [23]. Therefore, the
approximate one-dimensional model is used to describe the heat transfer of the bearing.

Burton and Steph have found that the friction heat inside the bearing occurs only
between the rolling body and the inner and outer ring of the bearing [24]. It is recommended
that half of the heat generated go into the rolling body and half into the bearing ring.
Figure 11 is the temperature node diagram of the key components of the internal bearing,
and Figure 12 shows the model diagram of the bearing’s heat transfer heat resistance
network.

The heat transfer equations can be obtained, which include three unknown tempera-
tures, Tce, Tb and Tci 




1
2 Hi =

Tci−T∞

Ri+Rs
+ Tci−TL∞

Rci
1
2 He =

Tce−T∞
Re+Rh

+ Tce−TL∞
Rce

1
2 Hi +

1
2 Hi =

Tb−TL∞

Rb

(17)

Tci and Tce are the surface temperatures of the bearing’s inner and outer channel,
respectively. T∞ is the external ambient temperature of the bearing. TL∞ is the bearing’s
internal air temperature. Tb is the rolling body temperature. Ri is the bearing’s inner ring
heat resistance. Re is the bearing’s outer ring heat resistance. Rci is the convective heat
resistance of the bearing. Rce is the convective heat resistance of the bearing’s outer surface.
Rb is the rolling body surface facing the flow heat resistance. Rs is the rotating shaft heat
resistance. Rh is the heat resistance for the bearing seat.

.

ℎ = 0.0986 𝑛𝑣 1 ± 𝑑𝑐𝑜𝑠𝛼𝐷 ⁄
−

Figure 11. Temperature node diagram of key parts of bearing’s internal components.
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.

ℎ = 0.0986 𝑛𝑣 1 ± 𝑑𝑐𝑜𝑠𝛼𝐷 ⁄
−

Figure 12. Thermal resistance network model of bearing’s internal heat transfer.

3.4. Thermal Resistance of Full-Ceramic Bearing

For calculating the heat resistance of the bearing’s inner and outer rings, the thickness
of the bearing’s inner ring and the outer bearing ring is much less than the overall width of
the bearing, so the inner and outer bearing ring is regarded as a thin ring.

Under self-lubricating conditions, the air is the convection heat exchange medium
around the bearing. The proposed average convection heat transfer coefficient between the
internal bearing element and the heat exchange medium is

h = 0.0986

[
n

v

(
1± dcosα

Dpw

)]1/2

(18)

In formula (18), “+” indicates the outer bearing ring rotation; “−” means the inner
bearing ring rotation. d is the inner bearing diameter. k is the material.

3.5. Thermal Analysis and Experimental Study of the Silicon Nitride Full-Ceramic Bearing

To better analyze the silicon nitride bearing under self-lubrication, the full-ceramic
silicon nitride angular contact ball bearing was used in the test. Its specifications and
parameters are shown in Table 4, and the test apparatus is shown in Figure 13. The level of
ceramic balls used in the ceramic bearings was G5. The characteristics of the bearing cage
affect the heating of the bearing, but due to the diversity of the cage, the heat generation is
calculated without considering the influence of the cage [25]. The working conditions of
the theoretical simulation of bearings are shown in Table 5.

Table 4. Bearing parameters.

Parameters Values

Inner diameter d/mm 35
Outer diameter D/mm 62

Rolling body diameter Dpw/mm 48.5
Ball diameter Dm/mm 7.938

Contact angle α/◦ 15
Number of rolling bodies z/psc 14
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Figure 13. Relation between bearing’s temperature rise and time.

Table 5. Working condition.

Working Condition Values

Bearing’s rotation speed/(r·min−1) 8000~24,000
Axial load/N 0~2500

Air Prandtl number 0.699
Environment temperature/◦C 24

Palmgren’s empirical formula is modified based on silicon nitride ceramics’ properties.
Thermodynamic analysis of the ceramic bearing under self-lubricating conditions is based
on modified f0 (as Formula (12)). To verify the correctness of the thermal model, Figure 13
studies the time when the temperature rise characteristics of bearings tend to a stable state
under fixed working parameters. The bearing’s operation must consider the steady-state
temperature field [26]. Through experimental analysis, it can be seen that for the bearing
to reach its steady-state operating temperature, the time is about 400 min when it runs
under unloading, and the time is about 500 min when the bearing is under load. Therefore,
the temperature of the bearing’s operation after 500 min is selected in the test. Under the
rotating speed of 8000 r/min, the load test of the bearing is carried out using the life test
machine. At the same time, the temperature change is calculated by using the model. At
the speed of 8000 r/min, the test temperature, model calculation temperature of the bearing
and the error are shown in Table 6.

Table 6. Comparison of temperature results.

Load/N Simulation Result (◦C) Test Result (◦C) Error Percentage (%)

0 27.697 30.2 8.29
500 30.941 32.9 4.80

1000 36.472 37.9 3.77
1500 43.041 44.9 4.14
2000 50.387 52.8 4.57

Figure 14 shows the surface’s working temperature outside the bearing’s outer ring.
The stable measured temperature of the bearing is consistent with the trend of temperature
change in theoretical analysis when the bearing’s speed is 8000 r/min. The temperature
test temperature in the low load area is slightly different from the theoretical analysis. This
is because with the lack of application of an external load leads to roller rotation torque that
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cannot provide an accurate calculation; therefore, part of the thermal error is generated.
With the increase in load, the error between the test and theoretical analysis temperature
decreases.

 

 

Figure 14. The surface temperature of the bearing’s outer ring.

The simulation surface temperature of the bearing’s outer ring increases with the load
and the bearing’s speed increase. When the speed is 24,000 r/min, The amplitude of the
bearing’s temperature rise is decreased. This is because under high-speed and heavy-load
conditions, the friction coefficient and friction frequency between the bearing’s rolling
element and the inner and outer rings are increased. The increase in the friction coefficient
and friction frequency leads to the increase in the bearing’s temperature. When the load
is 2500 N, the amplitude of the temperature increases is decreased with the increase in
the rotation speed. This is because under a heavy load, the heat generated by the friction
torque is the main heat, and the proportion of the heat generated by the rotation speed
decreases. When the speed is 8000 r/min, the bearing’s test and theoretical analysis tend to
be consistent, but there is a slight fluctuation.

Figure 15 shows the curve of the operating simulation temperature of the bearing’s
inner raceway changing with speed and axial load. The variation law is the same as that of
the operating temperature of the outer ring, but the temperature is higher than that of the
outer ring [27]. This is because the diameter of the bearing’s outer ring is larger than that of
the bearing’s inner ring, and the heat dissipation of the bearing’s outer ring is better than
that of the inner ring so that the friction heat between the rolling and the bearing’s inner
ring channels is easier to concentrate.

Figure 16 shows the working simulation temperature curve with the rotation speed
and axial load changes. The rolling body temperature rises the highest because the rolling
body is simultaneously in contact with the inner and outer channels. When the load is
2500 N and the speed is 24,000 r/min, the temperature of the bearing ball is higher than the
inner ring and the higher temperature is above 40◦. Under the condition of a high-speed
bearing, the rolling body is heated in both directions, which is called the largest heat source
in the bearing.

Through comparative analysis, it can be seen that under the same working conditions,
the temperature of the bearing’s rolling body is the highest, followed by the inner raceway,
and the temperature of the outer ring is the lowest.
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 Figure 15. Raceway simulation temperature of bearing’s inner ring.

 
 

. 

Figure 16. The temperature of rolling body simulation results.

4. Conclusions

Following are the conclusions that have been obtained after performing both the
theoretical calculation and experimental comparison analysis of the self-lubricating heat
generation of full-ceramic angular contact ball bearings:

(1) Through the analysis of the friction test, it can be seen that the high-grade rolling
elements have a low friction coefficient and small friction torque in the process of operation,
which leads to lower friction heat generation. During the friction process of G3 and
G5 ceramic balls, the surface temperature fluctuation is small, between 5 ◦C and 10 ◦C.
However, with G10, the fluctuation range reaches about 40 ◦C. Therefore, in the process of
simulating bearing’s heat generation, the bearing’s rolling element’s accuracy is considered.

(2) Based on the comparison between the calculated value of the heat generation
model of the silicon nitride full-ceramic bearing and the test, when the axial load is 0 n, the
error is the largest, reaching 8.29%. After loading the bearing, the minimum error is 3.77%
when the axial load is 1000 N. Furthermore, the correctness of the heat generation model of
full-ceramic silicon nitride bearings is explained.

(3) Under self-lubrication, the main heat source of full-ceramic silicon nitride ceramic
ball bearings is the rolling element, followed by the inner ring, and finally, the outer
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ring. Under heavy-load operation, the influence of speed on temperature rise tends to
decrease. Under high-speed operation, the temperature rise increases with the increase in
load. Therefore, the load borne by the bearing is the main factor affecting the bearing’s
temperature rise.
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Abstract: Predicting the remaining useful life (RUL) of a bearing can prevent sudden downtime

of rotating machinery, thereby improving economic efficiency and protecting human safety. Two

important steps in RUL prediction are the construction of a health indicator (HI) and the prediction

of life. Traditional methods simply use the time-series characteristics of the vibration signal, for

example, using root mean square (RMS) as HI, but this HI does not reflect the true degradation of

the bearing. Meanwhile, existing prediction models often cannot consider both the time and space

characteristics of the signal, thus limiting prediction accuracy. To address the above problems, in

this study, wavelet packet transform (DWPT) and kernel principal component analysis (KPCA) were

combined to extract HI from the original vibration signal. Then, a CNN-BiLSTM (convolutional and

bidirectional long- and short-term memory) prediction network with root mean square as input and

HI as output was constructed by combining convolutional neural network (CNN) and bi-directional

long- and short-term memory neural network (BiLSTM). The network improved prediction accuracy

by considering the temporal and spatial characteristics of the input signal. Experimental results on the

PHM2012 dataset showed that the method proposed in this paper outperformed existing methods.

Keywords: wavelet packet transform; kernel principal component analysis; remaining service

life of rolling bearings; convolutional neural network; bidirectional long- and short-term memory

neural network

1. Introduction

Bearing is a key component in rotating machinery, known as the joint of machinery,
and its failure may lead to downtime of industrial production or even cause casualties [1].
According to a survey, rolling bearing failure is one of the most important factors of rotating
machinery failure, accounting for 45–55% of cases [2]. A reasonable and effective bearing
remaining useful life prediction (RUL) method can help technicians develop maintenance
plans for predictive maintenance [3]. Therefore, it is important to predict the remaining
service life of bearings to avoid accidents and reduce economic losses [4].

Generally speaking, methods for RUL prediction of bearings fall into two main cate-
gories: model-based (physical/mathematical) methods [5,6] and data-driven methods [7].
Wang et al. [8] proposed a mechanical state prediction method based on a probabilistic
model with particle filters, which was successfully used for the state prediction of wind
power bearings. El-Tawil et al. [9] developed a method based on a nonlinear damage
law to determine the RUL of the system. Ma et al. [5] analyzed the interaction between
various parts of the bearing by modeling the angle of relative sliding velocity between the
rolling element and the bearing raceway and the bearing dynamics. However, model-based
methods require complex physical or mathematical models, which require researchers
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with extensive knowledge base and are often difficult to develop due to complex working
conditions [10].

With the development of sensor technology and computer technology, data-driven
methods based on data have been developed [11]. As a data-driven method, deep learning
can learn the bearing degradation trend spontaneously from sensor data and establish
the mapping relationship between data and bearing health status with remarkable appli-
cation [12]. Deep-learning-based RUL prediction methods are mainly divided into steps
such as data acquisition, health factor (HI) construction, and remaining service life pre-
diction [13]. Liu et al. [14] proposed a rolling bearing RUL prediction method based on
regularized LSTM networks and verified the advantages of the method with the dataset of
PRONOSTIA platform [15]. Ning et al. [16] first performed feature screening of signals and
then predicted the remaining service life of bearings using RNN models. Network models
such as RNN and LSTM tend to ignore spatial features, although they can learn the degra-
dation trend and temporal characteristics of bearings from the data [17]. Wang et al. [18]
used 1d-CNN to process fused signals and learn fault features using the powerful feature
extraction capability of the network. However, a single CNN network tends to ignore the
temporal features of the data and is unable to learn signal features at multiple scales [19].
HI can reflect the degradation trend of bearings, and it is critical to obtain excellent HI
labels for training prediction models [20]. For example, Zhang et al. [21] used the time-
domain feature RMS of the vibration signal as the main performance degradation indicator.
Singleton et al. [22] used the variance of the vibration signal as HI. Zhang et al. [23] used
the kurtosis of the vibration signal after band-pass filtering as HI. In the literature [24], the
ratio of current life to total life of the bearing is used as HI of the bearing. However, HI con-
structed by the above methods cannot fully describe the bearing degradation trend. Because
the bearing signal is nonlinear, we can pay attention to the transient changes of the signal by
analyzing the signal with different resolutions in time–frequency domain. Time–frequency
analysis technology DWPT is often used in the analysis of bearing vibration signals [25].

In response to the above problems, a new method for HI and RUL prediction of rolling
bearings is proposed in this paper. Firstly, discrete wavelet packet transform (DWPT) was
performed on the time-domain vibration signal to extract RMS features from the obtained
sub-bands, and the HI was then obtained by fusing the RMS of each sub-band through
kernel principal component analysis (KPCA). Based on this, the convolutional bidirectional
long- and short-term memory neural network (CNN-BiLSTM) was proposed for lifetime
prediction. Finally, the feasibility of the method was verified by bearing experimental data.
The main contributions are as follows.

1. Discrete wavelet packet transform (DWPT) and principal component analysis (KPCA)
were combined to construct new health indicators to solve the labeling problem of
RUL prediction. Compared to the life-percentage-style linear HI, this HI can better
reflect the bearing degradation trend and retain the time–frequency characteristics of
the signal, which is beneficial to the learning of the prediction model.

2. A convolutional bidirectional long- and short-term memory neural network (CNN-
BiLSTM) was designed for RUL prediction. Convolution can extract signal features
from different scales, and combined with the BiLSTM network, the model can take
into account both temporal and spatial features of the signal to improve prediction
accuracy.

3. Experimental data based on rolling bearing dataset were used to verify the effective-
ness of the method.

The remainder of this paper is organized as follows. Section 2 provides the theoretical
background. Section 3 introduces the method proposed in this paper. Section 4 describes
the experimental procedure and the analysis of the results in detail. Section 5 concludes
the paper.
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2. Theoretical Background

2.1. Discrete Wavelet Packet Transform (DWPT)

The discrete wavelet transform can describe the local characteristics of vibration signals
in the time and frequency domains and is a very effective signal analysis method, which is
often used for signal preprocessing for bearing fault diagnosis and life prediction [26].

In this study, the bearing vibration signal was preprocessed based on DWPT in order
to construct HI. The algorithms for wavelet packet decomposition and reconstruction are
shown in Equations (1) and (2), respectively.
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where p and q are filter coefficients; d is the wavelet packet decomposition coefficient; k and
l are the number of decomposition layers; and j and n are wavelet packet node numbers.

Figure 1 is a schematic diagram of the three-layer wavelet packet decomposition
structure, where S0 is the original signal, S10 is the low-frequency part of the original signal,
S11 is the high-frequency part of the original signal, and so on. As can be seen from the
figure, the wavelet packet transform can decompose both the low- and high-frequency
parts of the signal uniformly and has higher time–frequency resolution than the wavelet
transform, making it more effective in analyzing nonsmooth signals (e.g., bearing vibration
signals) [20]. In this study, the db4 mother wavelet was used to decompose the original
vibration signal into three levels of wavelet packets to obtain eight sub-bands.

−
−

+ −
−

 =



=





− +
− −= + 

–

 

  = 


=

=


：

Figure 1. Structural scheme of DWPT.

2.2. Kernel Principal Component Analysis (KPCA)

Kernel principal component analysis (KPCA) [27] is a nonlinear feature extraction
method that is often used for feature extraction and fusion of bearing signals [28]. The
kernel function was first introduced to map the original data space to a high-dimensional
feature space, and PCA was then performed to reduce the dimensionality of the analysis.
The quality of the nonlinear features thus extracted was much better.

Let the data set with M samples be {x1, x2, · · · , xi}(i = 1, 2, . . . , M), xi ∈ RN and the
sample dimension be N. Normalize the high-dimensional spatial data so that it satisfies
the following:

1

M

M

∑
i=1

ϕ(xi) = 0 (3)

where ϕ is a nonlinear mapping function that enables the mapping of the low-dimensional
spatial feature xi to the higher dimensional space F : ϕ(xi).
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The covariance matrix of F space is expressed as follows:

C =
1

M

M

∑
i=1

ϕ(xi)ϕ(xi)
T (4)

The eigenvalues of the covariance matrix are λ, and the eigenvectors are v, both of
which satisfy the following:

Cv = λv (5)

After transforming each sample into ϕ(xk), make inner product with Equation (5):

ϕ(xk)Cv = λϕ(xk)v (6)

The linear representation of the feature vector is as follows:

v =
M

∑
i=1

αi ϕ(xi) (7)

Simultaneous Formulas (4)–(7) can be obtained:

1

M

M

∑
i=1

αi

M

∑
j=1

[
ϕ(xk)ϕ(xj)

][
ϕ(xj)ϕ(xi)

]
= λ

M

∑
i=1

αi[ϕ(xk)ϕ(xi)] (8)

Nonlinear mapping from input space to high-dimensional feature space can be realized
by kernel function inner product operation. The kernel function selected in this study is a
Gaussian radial basis function, whose expression is as follows:

k(xi, xj) = exp(−γ‖xi − xj‖2) (9)

where parameter γ is used to control the range of action of the kernel function.
Define the M×M dimensional matrix K, where the elements can be represented using

the following kernel function:

K =




k(x1, x1) · · · k(x1, xm)
...

. . .
...

k(xm, x1) · · · k(xm, xm)


 (10)

The kernel matrix is used to represent Equation (8), which can be simplified as fol-
lows: Kα = Mλα. The eigenvalues and eigenvectors of the kernel matrix can be de-
rived from the simplified Equation (8), which in turn leads to the normalized eigenvector
vk(k = 1, 2, . . . , M) of the covariance matrix. Then, the k-th linear principal element of the
sample x can be obtained as follows:

hk = vk ϕ(x) =
M

∑
i=1

αk
i K(xi, x) (11)

The cumulative contribution of features is calculated and the principal element is
selected as follows:

p

∑
k=1

λk/
m

∑
i=1

λi ≥ 0.90 (12)

where λ1 ≥ λ2 ≥ λ3 . . . ≥ λm is the eigenvalue of the kernel matrix.

2.3. Bidirectional Long Short-Term Memory Neural Network (BiLSTM)

Long short-term memory neural network (LSTM) [29] is an improvement on the
recurrent neural network (RNN). It solves the RNN gradient disappearance and gradient
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explosion problems by introducing forgetting gates and can efficiently learn the nonlinear
features of time series.

As a deep learning neural network model, each neuron of LSTM is a memory cell
with three gates, which are forgetting gate ft, input gate it, and output gate ot. The whole
update process is shown in Equations (13)–(18).

The forgetting gate ft determines what information is discarded and is determined by
both the current input and the output of the previous sequence.

ft = σ
(

W f ·(ht−1, xt) + b f

)
(13)

where σ is the sigmoid activation function; W f is the weight vector; b f is the base vector;
and Ct−1 denotes the cell state, which is used to store the memory information of the
previous moment.

Update gate it determines what information is stored and updates the cell state as
follows:

it = σ(Wi·(ht−1, xt) + bc (14)

C̃t = tanh(Wc·(ht−1, xt) + bc (15)

Ct = ft·Ct−1 + it·C̃t (16)

where tanh is the activation function, C̃t is the candidate vector for the current new state
information; ft·Ct−1 denotes the information to be forgotten; it·C̃t is the information to be
retained; and Ct is the current cell state.

ot = σ(Wo·(ht−1, xt) + bo) (17)

ht = ot·tanh(Ct) (18)

where ot represents the output of information from the output gate, and ht is the output of
the memory cell, which will also be input in the next LSTM cell.

The BiLSTM [30,31] consists of two LSTMs that pass information from the forward
and reverse directions, respectively, compared to the LSTM and can associate both past and
future states. The Bi-LSTM structure is shown in Figure 2, and its output is as follows [32].

ht = [
→
ht,
←
ht] (19)

where
→
ht is the result of forward propagation, and

←
ht is the result of backward propagation.

𝑓𝑡 𝑖𝑡 𝑜𝑡
–𝑓𝑡

𝑓𝑡 = 𝜎(𝑊𝑓 ∙ (ℎ𝑡−1, 𝑥𝑡) + 𝑏𝑓)𝜎 𝑊𝑓 𝑏𝑓𝐶𝑡−1 𝑖𝑡 
𝑖𝑡 = 𝜎(𝑊𝑖 ∙ (ℎ𝑡−1, 𝑥𝑡) + 𝑏𝑐�̃�𝑡 = 𝑡𝑎𝑛ℎ(𝑊𝑐 ∙ (ℎ𝑡−1, 𝑥𝑡) + 𝑏𝑐𝐶𝑡 = 𝑓𝑡 ∙ 𝐶𝑡−1 + 𝑖𝑡 ∙ �̃�𝑡𝑡𝑎𝑛ℎ �̃�𝑡𝑓𝑡 ∙ 𝐶𝑡−1 𝑖𝑡 ∙ �̃�𝑡𝐶𝑡 𝑜𝑡 = 𝜎(𝑊𝑜 ∙ (ℎ𝑡−1, 𝑥𝑡) + 𝑏𝑜)ℎ𝑡 = 𝑜𝑡 ∙ 𝑡𝑎𝑛ℎ (𝐶𝑡)𝑜𝑡 ℎ𝑡

ℎ𝑡 = [ℎ𝑡⃗⃗  ⃗, ℎ𝑡]⃖⃗ ⃗⃗ ⃗⃗ℎ𝑡⃗⃗  ⃗ ℎ𝑡⃖⃗ ⃗⃗

 

Figure 2. BiLSTM network architecture.
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2.4. Convolutional Neural Network (CNN)

Convolutional neural networks [33] have the characteristics of local connectivity and
weight sharing. One-dimensional convolutional neural networks can perform feature
extraction on time-domain signals and are commonly used in the field of bearing fault
diagnosis [34].

Convolutional neural networks usually consist of three types of network layers: con-
volutional layer, pooling layer, and fully connected layer. The convolutional layer can
implement convolutional operations for feature extraction, the pooling layer can reduce the
feature dimensionality and prevent overfitting, and the fully connected layer can perform
nonlinear combination of the extracted features.

The formula for one-dimensional convolution is as follows:

Zl+1 =
[

Zl ∗ wl+1
]
+ b =

f

∑
x=1

[
Zl

k(s0 + x)wl+1
k (x)

]
+ b (20)

The maximum pooling equation is as follows:

Al+1
i (j) = max

(j−1)W+1≤jW

{
Fl

i (t)
}

(21)

where Zl is the convolutional input of layer l + 1, and Zl+1 is the output of layer l + 1; b is
the amount of variance; wl+1

k is the weight of layer l + 1; f is the convolutional kernel size;

s0 is the convolutional step size; Fl
i (t) is the value of the t-th neuron in the i-th feature of

layer l; W is the pooling region; and Al+1
i is the output of the neuron of layer l + 1.

3. The Proposed Framework

The overall block diagram of the proposed method is shown in Figure 3. Firstly, the
original vibration signal was subjected to discrete wavelet packet transform (DWPT) to
obtain eight sub-bands and extract the RMS values of different sub-bands. Then, KPCA
was used to downscale the multidimensional RMS to obtain HI. Finally, the remaining
lifetime prediction was performed by CNN-BiLSTM network.

(1) Data acquisition: The accelerometers were placed on the horizontal and vertical axes
with sampling frequency of 25.6 KHZ, sampling interval of 10 s, and sampling time of
0.1 s. Sampling was performed under three working conditions.

(2) Building health indicators: The original vibration signal was decomposed into eight
sub-bands using DWPT. The sub-bands were reconstructed according to the coef-
ficients, and RMS values were extracted. The multidimensional RMS values were
dimensionalized using the KPCA algorithm, and low-dimensional sensitive features
were selected as HI and used as training labels for the prediction network.

(3) Proposed neural network: The spatial features of the signal were extracted using a
convolutional network followed by a BiLSTM layer to extract temporal features from
the forward and reverse directions. The global average pooling layer in the model can
pay attention to the overall information, which is conducive to model prediction [35].
The mean square error was used as the loss function, and the optimizer was Adam.
The input to the network was RMS at the current moment, and the output was the HI
at the future moment.
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Figure 3. A flowchart of the proposed method.

4. Experiments and Results

4.1. Data Description

To verify the effectiveness of the proposed method, the PHM 2012 Challenge dataset
was used in this study. The data was collected and obtained from the PRONOSTIA testbed,
as shown in Figure 4.

 

Figure 4. Pronostia bearing testbed.
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The acquisition device was used for 17 full-life cycle experiments of the bearing under
three operating conditions, and a total of 17 sets of data were collected in the horizontal
and vertical directions of the bearing using an accelerometer. The sampling frequency of
the accelerometer sensor was 25.6 kHZ, and the experimental setup recorded the vibration
signals at 10 s intervals with a sampling time of 0.1 s [36]. Under working condition I,
bearings 1-1 to 1-7 were tested with motor speed of 1800 rpm and load of 4000 N. Under
working condition II, bearings 2-1 to 2-7 were tested with motor speed of 1650 rpm and
load of 4200 N. Under working condition III, bearings 3-1 to 3-3 were tested with motor
speed of 1500 rpm and load of 5000 N. Details of the data are shown in Table 1.

Table 1. Operating condition of the PHM2012 dataset.

Working Condition Load (N) Rotation Speed Dataset

1 4000 1800 rpm

Bearing 1-1 (train)
Bearing 1-2 (train)
Bearing 1-3 (test)
Bearing 1-4 (test)
Bearing 1-5 (test)
Bearing 1-6 (test)
Bearing 1-7 (test)

2 4200 1650 rpm

Bearing 2-1 (train)
Bearing 2-2 (train)
Bearing 2-3 (test)
Bearing 2-4 (test)
Bearing 2-5 (test)
Bearing 2-6 (test)
Bearing 2-7 (test)

3 5000 1500 rpm
Bearing 3-1 (train)
Bearing 3-2 (train)
Bearing 3-3 (test)

4.2. Construction of Health Indicators

In this section, we describe the process of HI construction in detail. Figure 5 shows the
original vibration signal of bearing 1-1. As can be seen, the vibration signal amplitude of
bearing 1-1 initially fluctuated roughly smoothly. The vibration signal showed a gradual
upward trend with increase in time and increased sharply at the later stage.

Figure 5. Original signal of bearing 1-1.
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In the original time-domain signal shown in Figure 5, every 2560 consecutive points
constitute a sample. These samples were processed by fast Fourier transform to obtain the
corresponding frequency-domain samples. In Figure 6, 10 frequency-domain samples are
shown. In the figure, the time corresponding to these samples increases with the sample
number. For example, sample 1 corresponds to the beginning of the bearing life cycle, and
sample 10 corresponds to the end of the bearing life cycle.

Figure 6. Bearing 1-1 partial sample frequency-domain signal.

As can be seen from Figure 6, the bearings had different degrees of amplitude increase
in different frequency sections. The low-frequency vibration was due to rotation frequency,
rolling body, and internal and external fault frequency of rolling. The high-frequency
vibration was caused by the inherent frequency of each component of the bearing. When
the bearing failed, the shape and quality of the component changed, affecting the high-
frequency vibration.

To construct the HI, the original vibration signal was first decomposed into wavelet
packets using db4 wavelets for three-level decomposition [20]. Reconstruction was per-
formed according to the reconstruction coefficients to obtain eight sub-bands. The re-
constructed sub-bands are shown in Figure 7. It can be seen that the eight sub-bands
exhibited different trends, and each contained degradation characteristics of different
frequency bands.

Figure 7. The eight sub-bands of vibration acceleration signal of bearing 1-1.
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The RMS was extracted for each of the eight sub-bands, and the RMS values for each
sub-band were obtained, as shown in Figure 8.

Figure 8. RMS trends extracted from eight sub-bands of the vibration acceleration signals for

bearing 1-1.

As can be seen from Figure 8, the RMS extracted from the eight sub-bands had different
trends. During the whole life cycle of the bearing, the RMS of some sub-bands showed an
increasing trend, while the RMS of other sub-bands showed significant fluctuations. The
RMS of all sub-bands showed a steep upward trend in the last part of the life cycle, while
the RMS of some sub-bands showed sensitivity at the beginning of the wear. This indicates
that different sub-bands carry different degradation information.

In order to fuse the most important degradation information exhibited by all sub-
bands, the RMS of the eight sub-bands were feature fused using the KPCA algorithm.
First, the eight sub-band RMS sequences shown in Figure 8 were selected to construct an
eight-dimensional high-dimensional feature set. Then, the KPCA algorithm was used to
reduce the dimensionality of the feature set. Finally, the first principal element (contribution
rate >90%) was selected as the final HI. Table 2 shows the contribution rates of the principal
elements. The final construction results are shown in Figure 9.

Table 2. Contribution rate of partial principal components.

Principal Component
Serial Number

Contribution Rate Cumulative Contribution Rate

1 0.919 0.919
2 0.061 0.980
3 0.019 0.999

Figure 9 shows a comparison of the values of RMS extracted from the sub-bands and
RMS extracted using the method proposed in this study. The sub-band RMS fluctuated
a lot, and the curves were messy. The method proposed in this paper could fuse the
important characteristics of each sub-band, such as the sudden increase in RMS of sub-
band (3,5) near sample 2500, which reflected the sensitivity at the early stage of wear; the
gentle fluctuation of RMS of sub-band (3,7) at sample 2600 and the decrease in HI, which
reflected the sensitivity at the recovery period of wear; and the sharp increase in RMS of
sub-band (3,1) at the last part of the life cycle, which reflected the sensitivity of the late
wear period. The proposed HI thus contained more comprehensive information on bearing
degradation and the curve was smoother, reflecting its superiority as an HI. To further
illustrate the superiority of the proposed HI, the HI of bearings 2-1, 2-6, 3-2, and 3-3 under
different operating conditions were extracted, and the results are shown in Figure 10.
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Figure 9. Prominent feature accumulation process of RMS values of different sub-bands of

bearing 1-1.
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Figure 10. HI of different bearings.
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The health factor, which reflects the degradation trend of the bearing, needs to have a
strong correlation with the degradation trend of the bearing. The physical degradation pro-
cess of the bearing is irreversible, so the health factor should also have a similar monotonic
change trend [37]. Monotonicity indexes are widely used in the evaluation of health factor
performance. Yang et al. [38] obtained the optimal HI by optimizing the monotonicity
index of HI. Lin et al. [39] used ensemble stacked autoencoders to construct health factors
for bearings and evaluated their performance using monotonicity metrics.

We compared the performance of the proposed HI with the original RMS using the
metric of monotonicity according to the following equation:

Mon(X) =
1

K− 1
|No.o f d/dx > 0− No.o f d/dx < 0| (22)

where X denotes the feature sequence; K denotes the total number of features; and
No.o f d/dx > 0 and No.o f d/dx < 0 denote the number of positive and negative vari-
ances, respectively. The higher the Mon score, the better the monotonicity and the better
the index performance. The results are shown in Table 3.

Table 3. HI performance analysis using monotonicity.

Bearing Monotonicity of RMS
Monotonicity of

Proposed HI

1-1 0.161 0.961
1-2 0.102 0.962
1-3 0.047 0.936
1-4 0.051 0.917
1-5 0.101 0.959
1-6 0.099 0.908
1-7 0.149 0.933
2-1 0.087 0.915
2-2- 0.132 0.941
2-3 0.141 0.907
2-4 0.097 0.913
2-5 0.089 0.968
2-6 0.127 0.947
2-7 0.152 0.903
3-1 0.074 0.931
3-2 0.046 0.903
3-3 0.047 0.933

From the table, we can see that the proposed HI had better monotonicity, which proves
the superiority of the proposed method.

4.3. RUL Prediction

In this section, we outline the development of a CNN-BiLSTM prediction model with
RMS input and HI labels and discuss the effect of model parameters on prediction accuracy.
Bearing 1-1 was used as an example to develop a detailed description.

4.3.1. Input Selection

It is convenient to process raw vibration signals of bearings in the time domain, and
features such as Rms, Peak2Peak, Kurtosis, Impulse Factor, Var, and Clearance Factor are
commonly used in the analysis of the remaining service life of bearings and as inputs to
prediction networks [4,40].

We can extract many features, such as time domain and frequency domain, from
vibration signals. These features have different representation abilities for vibration signals.
Some features are not helpful or even cause interference for characterizing signals. There-
fore, it is very important to select appropriate features [41]. The degradation process is an
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accumulation of random fatigue failure processes, so it should have a certain overall increas-
ing or decreasing trend on the time axis, i.e., the characteristic quantity should have certain
monotonicity [37]. Zhang et al. [42] extracted signal time-domain, frequency-domain, and
time–frequency-domain correlation features and defined metrics such as monotonicity for
feature selection based on the trend and residuals of the features. Tian et al. extracted
10 features of bearing vibration signals and used the monotonicity index to screen good
features as input to the neural network [43].

Different time-domain features have different characterization capabilities for the orig-
inal signal, and monotonicity continues to be used to assess the characterization capabilities
of time-domain features.

The monotonicity score was calculated for the time-domain features, and the results
are shown in Figure 11.

   
  =   =

−

Figure 11. Monotonicity index of six vibration signal characteristics.

As can be seen from Figure 11, the Rms monotonicity of the original vibration signal
was the best, and Rms was chosen here as input to the prediction network.

4.3.2. Training and Test of CNN-BiLSTM Model

Before training and testing a prediction model, it is necessary to construct the dataset
and determine the correspondence between the input Rms and output HI labels. Suppose
the Rms sequence is [X1, X2, X3, X4] and the HI sequence is [Y1, Y2, Y3, Y4], then the predic-
tion relationship of the network is F([X1, X2]) = Y3, F([X2, X3]) = Y4. A sliding window
was used to take the value of the Rms sequence with a window width of 64 and a sliding
step of 1. The specific correspondence is shown in Figure 12. The final sample format
(number of samples, time step, and dimension) obtained was (2739, 64, and 1).

For the CNN-BiLSTM model, Adam optimizer with an initial learning rate of 0.001 was
used, and in order to maximize the optimization of the network parameters, a decreasing
learning strategy was used to reduce the learning rate by 10−6 per round. The training
results of the model are shown in Figure 13, and the prediction results of the training set
were almost identical to the real HI labels.
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Figure 12. Sliding window sampling method.

 

Figure 13. Training of the model.

Signal processing was performed as described in the previous section for HI construc-
tion, and finally the trained CNN-BiLSTM model was used for prediction of bearing 1-5.
The prediction results are shown in Figure 14. As can be seen, the prediction results are
basically consistent with the real HI labels, which verifies the effectiveness of the method.

 

Figure 14. Testing of the model.
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4.3.3. Selection of Hyper Parameters

In prediction models, the width of the sliding window and the size of the batch size
are key hyperparameters that affect the performance of the model. This section discusses
the effects of both parameters on the model performance.

The 2n facilitated the computer processor for optimization, and window widths of 8,
16, 32, 64, and 128 were used to shape the samples. The prediction model was then trained
and tested. The models were evaluated using mean square error (MSE), root mean square
error (RMSE), and mean absolute error (MAE). The errors on the training and test sets are
shown in Figure 15.

ˆ
=

= −

ˆ
=

= −

ˆ
=

= −

ˆ

 

–

Figure 15. The prediction error for window width.

The above metrics can be described as follows.

RMSE =

√√√√ 1

N

N

∑
i=1

(yi − ŷi)
2 (23)

MSE =
1

N

N

∑
i=1

(yi − ŷi)
2 (24)

MAE =
1

N

N

∑
i=1

|yi − ŷi| (25)

where yi is the true label; ŷi is the predicted label; yi is the mean of the actual labels; and N
denotes the total number of samples.

As can be seen from Figure 15, on the training set, with the increase in the window
width, each error showed a decreasing–increasing trend and the smallest error was at
the window width of 64. On the test set, with the increase in the window width, the
error showed irregular fluctuations and the smallest error was at the window width of 64.
Therefore, the window width of 64 was chosen.

The batch size represents the number of data samples crawled in one training session.
The batch size affects the training speed and model optimization. Batch sizes of 8, 16, 32,
64, 128, and 256 were selected, and the relationship between the three types of errors and
batch size was observed. The results are shown in Figure 16.
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Figure 16. The prediction error for batch size.

From Figure 16, it can be seen that the three errors on the training set basically showed
a decreasing trend with the increase of Batch size. However, in the test set, the three
errors first decreased and then increased as the batch size increased. The errors increased
significantly when the batch size exceeded 64, so 64 was chosen as the batch size.

4.3.4. Results of Different Models

This section discusses the prediction effects of CNN, LSTM, and BiLSTM models on
the PHM2012 dataset and compares them with the method proposed in this paper.

Prediction experiments were conducted on the dataset using each of the three models
mentioned above, and the prediction results for bearings 1-1, 1-3, and 1-5 were visualized.
The results are shown in Figure 17.

– –
– –

Figure 17. Cont.
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Figure 17. Prediction effects of different models. (a–c) is the prediction result of our method. (d–f) is

the prediction result of CNN model. (g–i) is the prediction result of LSTM model. (j–l) is the predicted

result of BiLSTM.

From Figure 17, it can be seen that the proposed method could accurately predict
the degradation trend of the bearing, and the rest of the models had different degrees
of problems. For example, both the LSTM and CNN models could not well predict the
rapid degradation stage of bearing 1-1. The prediction effect of BiLSTM was better, but the
fluctuation trend at the beginning of degradation could not be well predicted. Both the
LSTM and CNN models could not well predict the rapid degradation stage of bearing 1-1.
The prediction effect of BiLSTM was better, but the fluctuation trend at the beginning of
degradation could not be well predicted. The BiLSTM model could not predict the rapid
degradation trend of the bearing at the end of cycle 1-5. The CNN could roughly predict
the degradation trend of the bearing from 1-3, but the accuracy was insufficient.

As shown in Table 4, the proposed model achieved the smallest prediction error on
almost all bearings using MSE as an indicator, thereby showing the superiority of the
proposed method.

Table 4. MSE for different prediction models.

Model
(MSE)

Bearing
1-3

Bearing
1-4

Bearing
1-5

Bearing
1-6

Bearing
1-7

Bearing
2-3

Bearing
2-4

Bearing
2-5

Bearing
2-6

Bearing
2-7

Bearing
3-3

Proposed 0.0054 0.0031 0.007 6 0.0044 0.0048 0.0621 0.0091 0.0143 0.0087 0.1026 0.0078
CNN 0.1431 0.1101 0.1923 0.0942 0.2721 0.0623 0.0089 0.2641 0.3101 0.2176 0.1739
LSTM 0.2145 0.0671 0.2167 0.1743 0.0074 0.1473 0.1012 0.1149 0.2031 0.0098 0.2147

BiLSTM 0.0097 0.1431 0.1016 0.2497 0.1364 0.1824 0.2107 0.1087 0.1047 0.4102 0.3006

5. Conclusions

The remaining service life prediction of bearings is a research focus. In this study, we
established a suitable health indicator (HI) and proposed a prediction network combining
CNN and BiLSTM. First, wavelet packet transform was performed on the original vibration
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signal of the bearing to obtain eight sub-bands, and the RMS of each of the eight sub-bands
were extracted. The KPCA algorithm was then used to fuse the features of the extracted
RMS of the eight sub-bands to obtain the HI of the bearing life cycle. The CNN-BiLSTM
prediction network was then developed, which can extract the spatiotemporal features of
the signal at the same time to improve prediction accuracy. The prediction network uses
the RMS of the original signal at the current moment as the network input and the HI of
the future moment as the network output. Experiments were conducted on the PHM2012
dataset to verify the effectiveness of the proposed prediction model.
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Abstract: Due to their excellent stability and zero leakage capability, thrust bearings with herringbone

spiral grooves are frequently used in transmission mechanisms. However, the lubrication mechanism

of thrust bearings has not been clearly understood and explained, preventing the optimization

of the bearing performance. Thus, this paper is devoted to solving this problem by building a

three-dimensional finite element flow model. In this model, the change in viscosity temperature is

considered using Roelands equation, and the turbulence and cavitation are taken into consideration.

Using the established model, the influence of parameters such as spiral angle, groove width ratio,

and rotational speed on the cavitation area of the thrust bearing are analyzed. The pressure contour

and speed distribution are obtained inside the clearance, as well as the volume fraction of the gas

phase at the end face. Finally, according to the analysis results, the optimum structural parameter

for the herringbone spiral groove structure is proposed, which enables higher bearing stability and

provides a reference for engineering practice.

Keywords: cavitation effect; herringbone spiral groove; optimum structural parameters; turbulence;

water lubrication

1. Introduction

Herringbone groove thrust bearings (HGTBs) have broad application prospects in
hydraulic machinery, machine tool spindles, and other industrial fields [1–3], due to the
advantages of good stability, high stiffness, and zero leakage. In the bearing, oil and
air are commonly used as lubricative mediums. However, the gas-lubricated HGTB has
low stiffness, and the oil-lubricated HGTB has a rapid temperature rise. On the opposite,
the water-lubricated [4,5] HGTB has excellent dynamic stability and low frictional power
consumption. Therefore, water-lubricated HGTBs are more suitable as spindle supports
for ultra-precision machine tools under high speeds [6–8]. Cavitation, however, commonly
occurs in water lubrication, reducing bearing performance and service life. It is valuable
for establishing a three-dimensional water-lubricated flow field model considering the
cavitation effect, which is used to explore the influence of structural changes on the bearing
performance.

In recent years, more and more scholars [9,10] have achieved bearing resistance
reduction, and the bearing stability was improved. In some research, it was shown that
changes in the lubricating properties of bearings were closely related to the design of the
surface texture [11–13] (distribution, shape, and size). Guenat [14,15] used the experiment
to study the effect of the herringbone groove geometry on lubrication performance deeply.
Wang [16] developed a thermo-hydrodynamic model of a combined bearing, and the effect
of the groove structure on the bearing characteristics was investigated. If the bearing
worked at high speed, the cavitation inception number of water is much higher. Thus,
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cavitation effects cannot be ignored. Some researchers treat cavitation lubricants as gas–
liquid mixed fluids. According to the different calculation methods of the gas volume
fraction, the cavitation models in the mixed fluid model can be divided into three types:
(1) Model based on the R-P equation [17,18]; (2) Equation model based on gas solubility
and surface tension of bubbles [19,20]; (3) Model of the Transport Equation based on Gas
Volume Fraction [21,22]. Moreover, some researchers used CFD to analyze the cavitation.
In this theory, the journal bearings were investigated numerically in three dimensions
by using FLUENT software [23], and the viscosity changes have a significant impact
on the pressure distribution, cavity volume, and load-bearing capacity. Furthermore,
based on the multi-phase flow cavitation model and the dynamic mesh technology, the
cavitation characteristics of the liquid film in the dynamic pressure mechanical seal gap
were investigated [24]. Meanwhile, Xu et al. [25] determined the optimal mass transfer
coefficient in the Lee phase transition mass transfer equation, and the influence of groove
structure parameters on the vaporization characteristics was studied.

In the above literature summary, the herringbone groove structure has been widely
used and studied in thrust bearing design. However, the effects of temperature change and
cavitation on lubrication states have rarely been studied. In this paper, CFD is used for
modeling and analysis. The cavitation effects of the herringbone groove under changes
in viscosity and temperature are studied, and its sealing performance and load-bearing
performance are analyzed. The lubrication mechanism of the herringbone groove seal is
explored, and the influence of the groove structure on the cavitation effect is summarized.

2. Governing Equations

2.1. Conservation Equations

Fluid domains are analyzed using CFD methods, and the relative equations can be
found as following.

The mass conservation equation is expressed by Equation (1):

∂ρ

∂t
+∇ · (ρ→υ ) = 0 (1)

where, ρ represents the fluid density, ρ
→
v is the gravitational body force, and t is the time.

The momentum equation is presented as Equation (2):

ρ
d
→
υ

dt
= −∇p +∇ · τ (2)

where,
→
v is the fluid velocity vector, p represents the static pressure, and τ is the stress. The

energy equation is given in Equation (3):

∂(ρE)

∂t
+∇•

[→
u (ρE + p)

]
= ∇•

[
keff∇T −∑

j

hj Jj +
(

τeff•
→
u
)]

+ Sh (3)

where, E represents the total energy of the fluid, hj is the enthalpy of component j, keff is
the effective heat transfer coefficient, keff = k + kt, kt denotes the turbulent heat transfer
coefficient, J is the diffusion flux of component j, and Sh represents the volumetric heat
source term.

2.2. Cavitation Equations

The cavitation phenomenon easily appears in the high-speed rotation of the water
film. When the temperature changes drastically, the water rises to the boiling point, the
originally small bubbles rapidly expand and escape from the surface of the liquid. In this
study, the phase change process is mainly controlled by temperature. The volume of fluid
(VOF) model is chosen for the tracing of the gas–liquid interface.
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The interphase interface is tracked by solving the continuity equation. This equation
is solved by using the volume fraction of one (or more) phases. For the qth phase, this
equation has the following form:

1

ρq

[
∂

∂t

(
αqρq

)
+∇ ·

(
αqρq

→
v q

)
= Sαq +

n

∑
p=1

( .
mpq −

.
mqp

)
]

(4)

In Equation (4), αv is the phase q volume fraction, ρq is the phase q density,
.

mqp is the
mass transfer from phase q to phase p, and

.
mqp is the mass transfer from phase p to phase q.

The source term on the right-hand side of Equation (4) (Sαp) is zero.
Among various cavitation models, the Lee model is relatively mature and matches

the VOF model well. Therefore, this study adopted the Lee model as the phase transition
model. By simplifying Equation (4), the transport equation of the bubble phase is obtained.

∂

∂t
(αυρυ) +∇ · (αυρυ

→
υ ) = Re − Rc (5)

In Equation (5), Re and Rc represent the evaporation and condensation terms in the
phase transition process, respectively. They are respectively determined by using the
gas and liquid phase medium temperatures, the saturation vaporization temperature is
considered, and the relevant equations are as follows:

Tl > Tsat, Re = coeff× αρl
(Tl−Tsat )

Tsat

Tv < Tsat, Rc = coeff× (1− α)ρv
(Tsat−Tv)

Tsat

(6)

where, T represents the local saturation vaporization temperature; coeff is the evaporative
condensation coefficient derived from the interfacial concentration under vesicular flow.

coeff =
6

db
η

√
M

2πRTsat
L

(
αvρv

ρl − ρv

)
(7)

where, d is the vapor bubble diameter, and η represents called the coefficient of adaptation
and characterizes the adsorption of vapor molecules on the surface of the liquid, approx-
imated by 1 under equilibrium conditions. L is the latent heat of vaporization, M is the
molar mass, and R is the gas constant.

3. Model Analysis

3.1. Geometric Model

The simplified structure of the herringbone thrust bearing is shown in Figures 1 and 2.
Compared with the general single-sided spiral groove structure, the lubricating medium at
the inner and outer diameters is pumped into the groove when the bearing is in operation.
This structure has excellent lubrication and sealing performance. Its structural expressions
in the r–θ coordinate system are given by Equations (8) and (9):

Rin = R1eθ cot β (8)

Rout = R2e−θ cot β (9)
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Figure 1. Bearing structures.
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Figure 2. Surface texture model.

In Equations (8) and (9), R1 is the inner diameter, R2 represents the outer diameter, β
is the spiral angle, θ denotes the angle, Rin is the inner spiral, Rout is the outer spiral, Bg is
the groove width, Br is the ridge width, B is the groove width ratio, B = Bg/Br, H2 is the
water film depth, and H1 is the bearing clearance.

3.2. CFD Model

The calculation model is simplified on the premise of assuring the accuracy of the
calculation results and given the following assumptions: the effects of body force and
inertial force are ignored, the speed slip is neglected, the effect of surface roughness is
ignored.

A CFD model is built by considering the above assumptions. Solidworks is used for
geometric modeling, and ANSYS is used for the meshing. Finally, the case is solved in
Fluent. The film thickness direction is enlarged 100 times for facilitating observation. The
grid and boundary conditions for the clearance water film are presented in Figure 3. The
three-dimensional geometry of the clearance was discretized with Hexahedral elements,
the quality of the grid was assessed by checking the elements’ quality (0.98), aspect ratio
(1.1), and skewness (0.04). Then, it is indicating that the grid was of high quality. Due to
the existence of fluid viscosity, there will be a boundary layer when the fluid moves in the
near-wall region. As shown in Figure 3b, grid refinements are made on both sides of the
wall. The inlet and outlet of the three-dimensional model are set as pressure boundaries,
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the walls in contact with the rotating ring are set as rotating walls, and the others are set as
static walls.

Outlet

Static wall

inlet

Moving wall

(a) (b)

µ µ ε= −

−3

Figure 3. Grid and boundary conditions for the water film. (a) grid of the water film; (b) detailed

information on the grid.

3.3. Viscosity–Temperature Relationship

For the high-temperature sealing medium, the change in medium viscosity with
temperature must be considered. Roelands equation [26] is as follows:

µ = µ0 exp[ε(
1

T
− 1

T0
)] (10)

where µ is the dynamic viscosity of water, T is the water temperature, and µ0 is the viscosity
at the reference temperature T0.

3.4. Solver Settings

A mixture model was selected and analyzed. Then, the implicit method was adopted.
In this study, liquid water was set as the primary phase, and water vapor was set as
the secondary phase. The two phases were embedded in the mass transfer mechanism.
“Dispersed” was selected as the interface type. The Zwart–Gerber–Belamri model was used
in the simulation.

A pressure-based solver was chosen for the numerical simulation. The SIMPLE algo-
rithm was used, which is an algorithm based on the pressure-velocity coupling principle.
Then, the default state was used in other settings. A tolerance of 10−3 was set for the
residual terms.

3.5. Verification of the Model

The work in Ref. [27] is similar to that of this paper, and the research method has been
proved by experimental tests. Therefore, the results in Ref. [27] can be used to confirm
the model established in this paper, and the result is given in Figure 4. It is found that the
cavitation position obtained from the model established in this paper is consistent with the
result in the literature [27].
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Figure 4. Vapor phase volume fraction distribution.

The leakage was obtained experimentally and validated as a quantitative indicator.
As shown in Figure 5, the results of current work calculation are analogous with theoretical
values and tests in the literature [27]. The relative error between this study and Ref. [27] is
less than 5%, which proves the reliability of the proposed model.
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Figure 5. Verification of the model by using reference [27,28].

4. Results and Discussion

The subsequent simulation solution takes a single cycle model caused by the flow’s
periodicity. Then, computer resources are saved, and the accuracy of solution is improved.
The geometric and working parameters of the face seal are shown in Table 1.

Table 1. Geometric and operating parameters.

Parameters Value

Temperature T (K) 300
Groove number N 18

rotational speed n (rpm) 6000
Spiral groove angle β (◦) 65

Inner radius R1 (mm) 15
Outer radius R2 (mm) 20

Pressure inlet Pin (MPa) 0.1
Pressure outlet Pout (MPa) 0.2
Water film depth H2 (µm) 30
Bearing clearance H1 (µm) 10

Density ρ
(
kg/m3

)
998.2

Viscosity µ (Pa·s) 8.49× 10−4
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4.1. Liquid Film Flow Mechanism

The flow, which is inside a micro gap, is difficult to capture. Thus, its flow charac-
teristics cannot be accurately understood. In this paper, a cross-sectional approach was
chosen to demonstrate micro gap flow. The method is as follows: the actual film thickness
is used in the simulations, but it is scaled up in the direction of the film thickness when the
detailed flow is charactered.

When HGTB is working, the lubricating medium for groove structure is pumped into
the top. Under the obstruction of the ridge, a part of the fluid slows down and increases
the pressure, and the other part of the fluid climbs over the ridge. Thus, the most complex
area of flow is at the top of the groove. Figures 6 and 7 show the pressure distribution
and velocity field distribution on the radius section at the top of the groove, respectively.
As shown in Figure 6, the pressure in this section is concentrated at the top of the groove.
Because of the extremely small gap size, there is no significant pressure change in the
thickness direction of the film. From the results in Figure 7, eddy currents exist in the gap.
The fluid is divided into two parts: one part creates eddy currents in the groove, and the
other part goes to lubricate the bearing clearance.

 

Figure 6. Pressure distribution of cross-section in the gap.

Figure 7. Velocity distribution of cross-section in the gap.

In Figure 8, when the groove surface moves, the fluid in the groove is pushed from
one side to the other. Fluid flow characteristics in the micro gap are abundant. The fluid is
squeezed at the front face, and a pressure peak is generated. The fluid after the collision is
divided into two parts: one forms a vortex in the groove, and the other flows to the bearing
gap. The fluid in the clearance acts as a lubricating medium, and the bearing surfaces are
pushed apart. Thus, the load-carrying capacity is increasing, and the friction coefficient is
reduced [28].
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Figure 8. Schematic representation of the fluid motion within bearing clearance.

4.2. Influence of Rotational Speed on the Flow Field

When the speed is changing, and other parameters remain constant. The fluid film
pressure distribution can be seen in Figure 9. A high-pressure area appears at the tip of the
herringbone groove. Low-pressure areas appear at the groove root of the outer diameter
side of the herringbone groove, the groove root, and side wall of the inner diameter side
groove. As shown in Figure 10, cavitation takes place at the root of the outer diameter side
groove and the side wall of the inner diameter.

(a) (b)

(c) (d)

 

Figure 9. Liquid film pressure distribution. (a) 2000 rpm; (b) 4000 rpm; (c) 6000 rpm; (d) 8000 rpm.
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(a) (b)

(c) (d)

 

β

Figure 10. Liquid film gas phase volume fraction distribution. (a) 2000 rpm; (b) 4000 rpm;

(c) 6000 rpm; (d) 8000 rpm.

As the rotational speed increases, the maximum pressure of the fluid film magnifies,
and the pressure distribution law of the fluid film is unchanged. The cavitation area
gradually expands with the increasement of the rotational speed, which indicates that the
cavitation area is extensible.

4.3. Influence of Structural Parameters on the Flow Field

4.3.1. Spiral Angle

The spiral angle β directly affects the boosting effect of the thrust bearing. In the
Figures 11 and 12, the effect of the spiral angle on the bearing’s load-carrying capacity and
leakage rate was investigated. The load capacity appears to increase with spiral angle from
50◦ to 70◦. Then, it decreases as the spiral angle increases. When the spiral angle is about
68◦, the bearing capacity reaches the maximum value. When the spiral angle is 0◦ or 90◦,
the dynamic pressure effect and step effect are greatly reduced, and the bearing capacity is
almost lost. Thus, the leakage exhibits the downtrend.

β

 

Figure 11. Effect of the spiral angle on the load-carrying capacity.
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Figure 12. Effect of the spiral angle on the leakage rate.

4.3.2. Groove Width Ratio

From Figure 13, as the groove width ratio increases, the axial load capacity of the
thrust bearing gradually increases. When the groove width ratio is about 1, the bearing
capacity reaches the maximum value, and then gradually decreases. If the groove width
ratio is equal to 0 or infinite, the bearing end face becomes flat, and the dynamic pressure
effect and step effect cannot be found. Therefore, there is a suitable groove width ratio to
maximize the bearing capacity. As seen in Figure 14, when the groove width ratio increases,
the leakage also increases and tends toward a stable value. The magnified groove width
ratio corresponds indirectly increases the clearance of the bearing, and the leakage is also
increasing.

 

Figure 13. Effect of the groove width ratio on the load-carrying capacity.

 

Figure 14. Effect of the groove width ratio on the leakage rate.
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5. Conclusions

In this study, a finite element flow field model is established to understand and explain
the flow mechanisms of HGTBs. The influence of structural parameters on the bearing
performance was investigated. In this model, viscous temperature changes, turbulence,
and cavitation are considered. The main conclusions are summarized as follows:

(1) Water is pumped into the spiral groove from both ends by vicious and differential
pressure forces. The lubricating medium is converged at the top of the herringbone groove.
Then, one part of the fluid goes over the ridge, and the other part forms vortices in the
groove. The lubrication performance of the thrust bearing is affected by the dynamic
pressure and the step.

(2) The cavitation is concentrated at the root of the outer diameter side of the herring-
bone groove and the inner diameter wall. The cavitated area is extended by the increasing
rotational speed. There is an optimum value for the groove width ratio B and the helix
angle β, which can improve the bearing performance.

(3) Optimum values for the geometrical parameters of the thrust bearing have been
determined using the load-carrying capacity and leakage. When the bearing clearance is
10 µm, the groove width ratio is taken as 1, and the spiral angle β can be selected from 65◦

to 70◦.
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Abstract: Few-layer graphene (FLG) was added as a nano-additive to lithium complex grease (LCG)

to explore the influence of FLG on the microstructure, viscoelasticity, friction and wear properties of

LCG. Studies have found that the addition of FLG makes the microstructure of the thickener more

compact, which in turn leads to an increase in the viscoelasticity of LCG. FLG additives can improve

the viscosity-temperature properties of the grease and change the elastic deformation response to

temperature changes. Among the temperatures selected in this article, the effect of graphene is more

obvious at 70 ◦C. During the friction process, a proper amount of FLG can quickly form a boundary

film and is not easily damaged, thereby optimizing the friction and wear performance of LCG.

Keywords: few-layer graphene; lithium complex grease; viscoelasticity; friction and wear properties

1. Introduction

Grease is an indispensable part of bearings [1]. Recently, lubricating grease has re-
ceived extensive attention among engineers and scientists in academia as a result of its
complex and unique rheological properties. Generally, a series of rheological parameters are
selected to ascertain the rheological properties of grease in both qualitative and quantitative
terms. Lithium-based grease is one of the most common greases, and the factors affecting
its rheology have attracted the attention of many scholars. Enhui Zhang et al. [2] prepared
four lithium-based greases with paraffin oil, naphthenic oil, poly-α-olefin and polyol ester,
respectively, and studied the influence of base oil on the rheological and frictional prop-
erties of lithium-based greases. It was found that naphthenic oil-based grease exhibited
the best colloidal stability, and the thickener fibers in the polyethylene-based grease show
a relatively flat network. Compared with the planar network structure, the lithium soap
fiber with a three-dimensional entangled structure has a stronger friction reducing ability.
Xiaoqiang Fan et al. [3] studied the influence of different thickeners on the friction charac-
teristics of greases. They found that the excellent lubricating performance of the grease is
mainly attributed to the properties and structure of the thickener and the synergistic effect
of the grease film composed of sulfate and complex oxides and the tribochemical reaction
film. Although additives account for a relatively low proportion of the grease by mass or
volume, they have a greater influence on the rheological properties thereof.

Many nano-materials can be used as solid lubricants and can also be used as additives
in lubricating oils and greases. Nikhil Kumar et al. added nanoparticles of Talc [4] and PTFE
particles [5] into lithium-based grease to study its rheology and friction properties. It is
found that the smaller the size of the additive material, the better the friction performance of
the lithium-based grease. Compared with other shapes, the spherical particles can improve
the friction performance of the lithium-based grease. Few-layer graphene (FLG) is a kind
of nano material with many excellent properties. It has good thermal conductivity and can
significantly improve the cooling performance of lubricants [6]. As a coating, it can improve
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the corrosion resistance of metals [7]. After investigation, it is found that as a lubricating
additive, the ease of the peeling of the FLG facilitates the formation of a boundary film
under a frictional load, which not only prevents direct contact between friction pairs, and
improves the flexibility and adaptive ability of the friction interface, but, as the FLG spacing
in the boundary film is relatively large, and the van der Waals force between the layers is
low, this can promote lubrication by reducing the energy barrier between layers [8–10].

Some studies have found that adding FLG to lubricating oil can significantly improve
the lubricating performance and friction performance of the lubricating oil; the friction
coefficient (COF), wear scar diameter (WSD), and wear volume have been significantly
reduced [11–16]. Tiancheng Ouyang et al. [17] added FLG to PAO6 base oil. Under low
speed and heavy load conditions (4.2 mm/s and 1.0 GPa contact pressure), COF and wear
volume loss can be reduced by as much as 29.1% and 55%, respectively.

For non-Newtonian greases, FLG also has a significant effect on its rheology. Mo-
hamed et al. [18] added FLG and multi-walled carbon nanotubes to a composite calcium-
based grease to make a mixed calcium nano-grease, and conducted rheological experiments
using the Brookfield DV-III programmable rheometer, and found that the shear stress and
viscosity increased with the addition of nano-additives. In recent years, researchers have
added FLG to lithium grease to study the friction characteristics, and found that the addi-
tion of FLG has improved their anti-wear and anti-friction properties. Zhanjun Li et al. [19]
added FLG to lithium-based grease and found that when the FLG content is 0.1%, the COF
reduction rate is the largest, and the wear scar diameter (WSD) is the smallest, and FLG
has the most obvious effect under a larger load and lower speed. The main component
of the chemical reaction film on the friction surface of pure lithium grease is Fe3O4. After
adding FLG, the main components of the boundary film become Fe2O3 and adsorbed
FLG. Jin Zhang et al. [20] found through research that, compared with pure lithium grease
with an FLG content of 2 wt%, the average friction coefficient is reduced by 27%, and
the solder joint and load wear index are 1.6 and 1.4 times that of pure lithium grease,
respectively. Tiancheng Ouyang et al. [21] found that the addition of FLG can significantly
improve the anti-friction and anti-wear ability of the grease, thereby making the wear
surface smoother. In particular, compared with lithium grease, the wear amount and COF
of lithium grease containing 0.3 wt% FLG can be reduced by 52.0% and 20.3%, respectively.
Ruslan Aziev et al. [22] found that after FLG was added to LCG, the tribochemical reaction
between 12-hydroxystearate molecules and the surface of FLG occurred, resulting in an
increase in the welding load and a decrease in the WSD. Bo Lin et al. [23] added graphene
to lithium-based grease to study its tribological behavior under three operating conditions:
slow moving heavy load, medium load speed and high speed light load. The study found
that under different working conditions, the optimum content of graphene that makes the
grease with the best anti-wear and anti-friction ability is different.

FLG composite materials can also improve the lubricating ability and anti-wear and
anti-wear ability of lithium-based greases. Jin, Bao et al. [24] developed a Mn3O4/FLG
(Mn3O4#G) nanocomposite and used it as a nano-additive for lithium-based grease. The
study found that under the conditions of 100 ◦C and 150N load, when the concentration
of Mn3O4#G is 0.03 wt%, COF and wear scar depth can be reduced by 35% and 76%,
respectively, and the addition of Mn3O4#G enhances the ability of lithium-based grease to
withstand high temperatures. Liu Xiaolong et al. [25] obtained FLG oxide by Hummers
oxidation method and added it to lithium grease. The study found that FLG oxide as
a grease additive can effectively reduce COF, reduce wear, extend lubrication time, and
improve lubricating performance. FLG can also enhance its lubricating ability, anti-wear
and anti-wear ability for other types of grease [26,27].

Most of the aforementioned projects involved the investigation of the influence of FLG
additives on the viscosity of lubricating oils and greases, however, there is a lack of research
on the influence of FLG additives on other rheological parameters such as yield strength,
cross-stress, and elastic modulus, and there is no literature comprehensively covering the
rheological properties parameters of greases with different FLG contents across a range of
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temperatures. There is no relevant report on research into the influence mechanism of FLG
additives on the rheological properties and friction properties of LCG. In the present study,
FLG was used as an additive to prepare LCG. Amplitude scanning and shear scanning
experiments were conducted using a rheometer to measure the rheological properties of
LCG containing different amounts of FLG at different temperatures. The SRV-4 friction
tester was used to conduct friction experiments on LCG to study the influence of the content
of FLG on the tribological behavior of LCG. A scanning electron microscope (SEM) was
employed to characterize the micro-morphology of LCG, analyze the influence of FLG on
the micro-morphology of LCG, and reveal the mechanism of the influence of FLG additives
on the rheological and friction properties of LCG.

2. Materials and Methods

2.1. Material Processing and Sample Preparation

The thickener material of the LCG is 12-hydroxystearic acid (China Petrochemical
Corporation Tianjin Branch, Tianjin, China) with the contents of 15%, and the base oil is
mineral oil and PAO oil (China Petrochemical Corporation Tianjin Branch, Tianjin, China)
with a viscosity of 220 cst. Lithium hydroxide aqueous solution (China Petrochemical
Corporation Tianjin Branch, Tianjin, China) is added for saponification reaction to generate
LCG. The additive is Changzhou sixth element graphene SE1231 (Changzhou Sixth Element
Materials Technology Co., Ltd., Changzhou, China). The SE1231 graphene is a black powder,
and the median particle size D50 is less than 10.0 µm (equivalent spherical diameter).
Taking 50 g of mineral oil and PAO oil, we added a certain amount of FLG, mixed them
and placed it in an ultrasonic cleaning machine for 2 h. We added 350 g of the LCG into
the aforementioned mineral oil and PAO oil containing FLG to prepare an FLG mixed
LCG with mass fractions of 0.5, 1, and 2 wt%. We used an SDF1100-type dispersing sand
mill (Suzhou Qile Electronic Technology Co., Ltd., Suzhou, China) to mix and grind the
specimens at 900 rpm for 2 h, so that the FLG is uniformly mixed within the LCG.

2.2. Experimental Procedure

The MCR302 rheometer (Anton Paar Instruments, Graz, Steiermark, Austria) was
used to measure the rheological properties of the four LCG specimens. The experiment is
divided into two parts: amplitude scan and shear scan. Lubricating grease is a viscoelastic
fluid, and the shear scan uses the rheometer-rotation mode with the cp25-1 cone-plate
test system with a diameter of 25 mm and an angle of 1.0◦; the amplitude sweep uses the
rheometer-oscillation mode with the pp25 parallel plate test system with a diameter of
25 mm. The experiment was conducted at three temperatures, respectively 30 ◦C, 70 ◦C
and 130 ◦C (±0.1 ◦C). The rotation mode used in shear scanning is to apply strain or stress
with continuous rotation in the same direction to obtain a constant shear-strain rate (i.e.,
a steady-state test). The controlled shear-strain rate (CSR) rotation mode is selected and
the shear-strain rate

.
γ (s-1) is set to obtain a certain shear strength τ (Pa) of the grease. The

oscillation mode used in amplitude sweeps is a reciprocating mode of oscillation designed
to apply constant strain or stress (i.e., a dynamic test). The controlled strain (CS) mode of
oscillation is selected, and the shear strain is set to obtain a certain shear strength τ (Pa)
of the grease in an oscillating state of strain. Before each test, pre-shearing is applied for
between five and fifteen minutes to eliminate the residual stress in the grease.

The SRV-4 friction and wear tester (Optimol Instruments, Munich, Germany) was
used to measure the friction properties of the four LCG specimens. The test steel ball has
an accuracy of G10, a diameter of 10.318 mm, and a set load of 90 N. According to the
Hertz formula, the working stress is 2.04 GPa. The test adopts a reciprocating mode with a
frequency of 10 Hz and an amplitude of four mm. The test temperature was set to 30 ◦C
and test time to 0.5 h. COF curves of the four LCG were obtained. Three friction tests were
performed for each grease. The MIT300 metallurgical microscope (Chongqing Auto Optical
Instrument Co., Ltd., Chongqing, China) was used to measure the WSD on the steel ball
after each test.
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3. Results

3.1. Effect of FLG on the Microstructure of LCG

Figure 1 shows the FT-IR spectra of LCG with different content of FLG. The IR bands
appearing at 2890–2960 cm−1 and 1580 cm−1 were ascribed to C=O groups, respectively.
The bands appearing at 1460 and 1375 cm−1 were ascribed to the stretching vibrations of
C–H and O–H groups, respectively. For the bands appearing at 3500–4000 cm−1, as the
FLG content increases, the fluctuation becomes more obvious, indicating that they were
ascribed to the stretching vibration of the C–C group in FLG.

– −1 −1

−1

– – – −1

–

Figure 1. FT-IR spectra of LCG specimens.

Figure 2 shows SEM micrographs of the LCG with the base oil washed away and the
LCG with 2 wt% FLG added. Figure 2a demonstrates that the microstructure of the LCG
thickener is a fiber structure; in Figure 2b, 2 wt% FLG is added to the LCG, and it is found
that the thickener fiber structure is wound on the surface of FLG; since FLG is polar, it
will be preferentially adsorbed on the thickener of the same polarity when added, which
increases the polarity of the thickener. Under the condition that the polarity of the base
oil remains unchanged, this leads to a gap between the base oil and the thickener. The
difference in polarity is greater, and the thickening agent is not easily dispersed in the base
oil, resulting in a denser thickening agent.

 

′ ″
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Figure 2. SEM micrograph of LCG specimens. (a) LCG; (b) LCG with 2 wt% FLG.
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3.2. Effect of FLG on the Viscoelasticity of LCG

Grease is a semi-solid material that is both viscous and elastic. To study the viscoelastic
properties of grease, the complex modulus is introduced [28]. The complex modulus of
grease (G*, Pa) can be described by example (1):

G* = G′ + i G”, (1)

where, G′ is the storage modulus, which represents the energy stored by the elastic de-
formation of the grease, Pa; G” denotes the loss modulus, which represents the energy
dissipated during viscous deformation of the grease, Pa.

A rheometer was used to perform amplitude sweep experiments on four LCG samples
in oscillation mode, and the relationship between storage modulus G′ and loss modulus
G” with shear strain at three test temperatures (30 ◦C, 70 ◦C and 130 ◦C) was obtained
(Figure 3). With the increase in shear stress, the storage modulus G′ continuously decreases,
while the loss modulus G” increases, before finally converging at the flow point. The stress
corresponding to the flow point is called the cross-stress. Beforehand, the elasticity of the
LCG plays a dominant role, and thereafter, the LCG exhibits flow characteristics, and the
viscosity of the LCG plays a dominant role.

′ ″Figure 3. Changes in storage modulus G′ and loss modulus G” of LCG with shear stress. (a) 30 ◦C;

(b) 70 ◦C; (c) 130 ◦C.
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It can be seen from Figures 3 and 4 that the higher the FLG content, the greater the
storage modulus and loss modulus of LCG, and the dynamic yield stress and the cross
stress also increased to varying degrees, which shows that FLG additives can enhance the
elasticity and viscosity of LCG. Combined with the microscopic morphological examination,
FLG increases the density of the LCG fiber structure and increases the ability of the grease
to resist elastic deformation and viscous flow. The higher the temperature, the smaller the
storage modulus and loss modulus of LCG, and the greater the reduction in loss modulus,
which shows that temperature will reduce the elasticity and viscosity of LCG, and has
a greater impact on viscosity. The dynamic yield stress and cross stress of the LCG also
decrease with the increase in temperature, which is related to the Brownian motion of
the molecules. The higher the temperature, the more intense the Brownian motion of the
molecules and the smaller the intermolecular force, which leads to easier yielding of the
structure of the LCG and stronger fluidity. According to Figure 4, as a whole, the more
FLG content, the greater the dynamic yield stress. However, the cross stress only shows
this trend at 30 ◦C. Under the influence of a temperature rise, the effect of FLG on the cross
stress is weakened. Comparing the effects of FLG addition and temperature changes on
the dynamic yield stress and cross stress, it is found that FLG has a greater impact on the
dynamic yield stress, and temperature changes have a greater impact on the cross stress.
It can be proved that FLG mainly affects the elasticity of LCG, and temperature mainly
affects the viscosity of LCG. Furthermore, adding an appropriate amount of FLG can offset
the effect of temperature on the elasticity and viscosity of the LCG, which means that FLG
additives can improve the viscosity-temperature performance of the grease and the elastic
deformation with temperature.

, respectively: the shear strength (τγ̇
hear stress is the steady state yield stress τ

Figure 4. Dynamic yield stress and cross-stress of LCG. (a) Dynamic yield stress; (b) Cross-stress.
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Figure 5 shows the variation in the shear stress versus the shear strain rate of the
four greases at three temperatures, respectively: the shear strength (τy) of the four greases
increases with the increase in the shear strain rate (

.
γ), indicating a non-linear trend. The

regions of increasing shear stress are labeled a, c and e in Figure 5a, and a and c in Figure 5b,c.
However, in area d (Figure 5a) and area b (Figure 5b,c), the increase in shear stress is much
smaller than the overall growth trend, and this area is the shear yield area. The point where
the shear stress begins to plateau is the yield point. Since the rotation mode is a steady state
test, the corresponding shear stress is the steady state yield stress τy2. The steady-state
yield stresses of the four LCGs at the three temperatures are given in Figure 6. In area
b (Figure 5a), the shear stress tends to decrease (this area is the wall sliding area). The
intermolecular resistance fails under the action of the external force and relative movement
occurs between the molecular layers, and the ability of the LCG to resist deformation is
weakened. Therefore, the measured shear stress begins to decrease, and the shear stress
continues to increase until the wall-slip effect ends.

 

– –Figure 5. LCG shear stress and apparent viscosity curve: (a–c) shear stress; (d–f) apparent viscosity;

(a,d) 30 ◦C; (b,e) 70 ◦C; (c,f) 130 ◦C.

According to Figure 5, it is found that at different temperatures, the higher the FLG
content, the larger the shear stress borne by the LCG. It can be seen from Figure 2 that an
increase in the amount of FLG can result in a denser microstructure of the LCG thickener
and an increase in structural strength, resulting in an increase in the shear stress of the LCG
as the amount of FLG increases. Through comparison of the data pertaining to each of
two temperatures in Figure 5, it is found that with the increase in the shear strain rate, the
shear stress of the LCG has a very obvious rising trend at 30 ◦C, the rising trend at 70 ◦C is
relatively gentle, and the rising trend at 130 ◦C is more gentle. This means that the higher
the temperature, the lower the rate at which the shear stress increases with the shear strain
rate, and the lower the shear stress of the LCG. From the perspective of the influence of the
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viscoelasticity on shear stress, the addition of FLG is shown to increase the viscoelasticity
of LCG, and an increase in the temperature will reduce its viscoelasticity.

– –

Figure 6. Steady state yield stress of LCG.

Comparing the yield zone of the LCG at different temperatures in Figure 5, combined
with the steady-state yield stress data of Figure 6, it can be found that the steady-state yield
stress of the same LCG is smaller at higher temperatures. Table 1 shows the effect of the
FLG content on the steady-state yield stress of LCG. The steady-state yield stress of LCG
with FLG contents of 0.5, one, and two is found to be increased by 22.25%, 24.68%, and
34.93%, respectively, at 30 ◦C compared with the LCG without FLG; the steady-state yield
stress at 70 ◦C is increased by 2.23%, 27.07%, and 38.12%, respectively; the steady-state yield
stress at 130 ◦C is increased by 19.82%, 38.86%, and 6.06%, respectively. On the whole, the
addition of FLG at 70 ◦C increases the steady-state yield stress of LCG more significantly,
indicating that among the three temperatures selected in the experiment, 70 ◦C is more
suitable for FLG to play a role. And it shows that FLG additives can inhibit the temperature
decrease in the yield strength of LCG.

Table 1. Steady state yield stress(τy2) of LCG at different FLG contents and temperatures.

LCG 0.5 wt% FLG 1 wt% FLG 2 wt% FLG

T
[◦C]

τy2

[Pa]
τy2

[Pa]
growth rate

[%]
τy2

[Pa]
growth rate

[%]
τy2

[Pa]
growth rate

[%]

30 594.13 726.32 22.25 740.76 24.68 801.65 34.93
70 269.52 275.53 2.23 342.48 27.07 372.26 38.12

130 116.02 139.02 19.82 159.94 37.86 123.05 6.06

Viscosity is a characteristic of a substance that produces flow and irreversible de-
formation under stress. The apparent viscosity (η) is the ratio of the shear stress to the
shear strain rate under steady flow. Figure 5a–c illustrates the changes in the apparent
viscosity of the four greases with shear strain rate at different temperatures. The apparent
viscosity of the four LCGs decreases with the increase in the shear strain rate, showing the
phenomenon of shear thinning. This arises as some of the thickener fibers constituting the
skeletal structure are oriented and unwound along the shear direction under the action of
mechanical external forces, the skeleton is gradually destroyed and the shear resistance is
reduced. According to Figure 5d–f, it is found that the higher the FLG content, the greater
the apparent viscosity of the LCG; the higher the temperature, the lower the apparent
viscosity of the LCG. This is due to the FLG additives densifying the structure of the LCG,
resulting in an increase in flow resistance, which results in an increase in the apparent
viscosity of the LCG. The higher the temperature, the more intense the Brownian motion of
the molecules and the smaller the intermolecular forces, resulting in lower flow resistance,
resulting in a decrease in the apparent viscosity of the LCG.
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3.3. Effect of FLG on the Friction and Wear of LCG

The friction test used the SRV-4 friction test machine, which is lubricated with LCG
containing 0 wt%, 0.5 wt%, 1 wt%, and 2 wt% FLG. The upper and lower friction pairs are
made of GCr15 bearing steel. The test temperature was set to 30 ◦C, the load was 90N, the
frequency was 10 Hz, and the amplitude was four mm. The test duration is 1800s.

Figure 7 shows the influence of FLG contents (0 wt%, 0.5 wt%, 1 wt%, and 2 wt%)
on the friction curve of LCG. It can be seen that the friction curves of the LCG with FLG
added are generally smaller than those of the LCG without FLG, and the friction curves of
the LCG with a FLG content of 0.5 wt% are the smallest overall. The friction coefficients
of the four LCG reached about 0.18 at 40 s, and then different contents of FLG began to
work independently. Among them, LCG without FLG gradually formed the boundary film
at 40 s, and the friction coefficient curve was relatively stable. At 220s, the boundary film
gradually failed, the friction coefficient began to rise, and the friction coefficient reached
about 0.2 at 320s. Then, the friction coefficient decreased slightly, indicating that the residual
boundary film was still in effect, and a new boundary film was gradually formed. However,
at 480s, the friction coefficient increased sharply to 0.23, and continued until the end of
the friction experiment. At this moment, boundary lubrication is gradually formed. For
LCG with a FLG content of 0.5 wt%, the friction curve fluctuates greatly from 40s to 160s.
During this process, the disordered FLG in the LCG gradually becomes ordered under
the action of the tangential force, and the boundary film is gradually formed. Then the
friction curve fluctuated regularly and had a slight downward trend until the end of the
friction experiment. This shows that under the action of 0.5 wt% FLG, the boundary film is
more stable and can withstand longer friction without failure. The friction curve of LCG
with a FLG content of 1 wt% did not fluctuate much from 40 s to the end of the test, and
only fluctuated significantly between 900 s and 1000 s, indicating that 1 wt% of FLG also
made the boundary film more stable. However, due to the increase in FLG content, the
frictional resistance increases, resulting in the overall friction coefficient greater than that of
LCG with FLG content of 0.5 wt%. LCG with a FLG content of 2 wt% began to fluctuate
greatly at 40 s, and until 330 s, the friction coefficient gradually increased to about 0.21, and
the effect of excessive FLG began to appear. From 330 s to the end of the test, the friction
curve has been in a state of irregular fluctuation. This is due to the FLG content being
too large and it is easy to agglomerate, however, under the action of the tangential force,
the FLG has a tendency to change to an orderly state. FLG changes continuously in two
states of agglomeration and order (as shown in Figure 8), so the friction curve fluctuates
more obviously.

 

Figure 7. Average COF curve of LCG.
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Figure 8. Two states of FLG in LCG: (a) Ordered arrangement; (b) Unordered aggregation.

Figure 9 shows the average wear scar diameter (WSD) and average friction coefficient
(COF) for the four greases. It can be seen that the average WSD and average COF of LCG
without FLG addition are the largest, and the average WSD and average COF of LCG with
0.5 wt% FLG content are the smallest. Figure 10 presents all the wear spot pictures of the
four LCG, where Figure 10a–c are LCG, Figure 10d–f are LCG with 0.5 wt% FLG content,
and Figure 10g–i are LCG with a FLG content of 1 wt%, Figure 10j–l are LCG with a FLG
content of 2 wt%. According to Tables 2 and 3, LCG with a FLG content of 0.5 wt% has an
increase of 52.05% in anti-friction ability and 19.60% in anti-friction ability compared with
LCG without FLG. The LCG with a FLG content of 1 wt% increased the wear reduction
ability by 16.06% and the anti-friction ability by 14.56%. The LCG with a FLG content of
2 wt% increased the wear reduction ability by 5.96% and the anti-friction ability by 7.09%.
This shows that among the four selected lubricating greases, LCG with a FLG content of
0.5 wt% has the best anti-wear and anti-friction effect.

– –
– –

– – – –

Figure 9. Average WSD and Average COF of LCG.

– –
– –

 

– – – –Figure 10. WSD of LCG: (a–c) LCG; (d–f) 0.5 wt% FLG; (g–i) 1 wt% FLG; (j–l) 2 wt% FLG.
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Table 2. Average COF of LCG with different FLG contents.

LCG 0.5 wt% FLG 1 wt% FLG 2 wt% FLG

COF
[1]

COF
[1]

Reduction Rate
[%]

COF
[1]

Reduction Rate
[%]

COF
[1]

Reduction Rate
[%]

0.218 0.161 52.05 0.183 16.06 0.205 5.96

Table 3. Average WSD of LCG with different FLG contents.

LCG 0.5 wt% FLG 1 wt% FLG 2 wt% FLG

WSD
[µm]

WSD
[µm]

Reduction Rate
[%]

WSD
[µm]

Reduction Rate
[%]

WSD
[µm]

Reduction Rate
[%]

461.76 371.25 19.60 394.54 14.56 429.00 7.09

The wear volume of the steel ball was estimated once the height of the worn cap, h,
was obtained by the following formula [23]:

h = r−

√

r2 − d2

4
(2)

V =

(
πh

6

)(
3d2

4
+ h2

)
(3)

where r is the initial radius of the ball and d is WSD. The specific wear rate can be defined
as the volume of material removed per unit load and sliding distance:

W =
V

P·S (4)

where V is the calculated wear volume, P is the applied normal load, and S is the total
sliding distance.

Figure 11 shows a histogram of the average wear rates for the four greases. It
can be seen that the wear rate trends of the four greases are the same as those of their
WSD and COF.

μ μ μ μ

h = r − √r2 − d24V = (πh6 )(3d24 + h2)
W = VP ∙ S

Figure 11. Wear rate of steel balls.

The above phenomenon shows that, for LCG without FLG, the boundary film that
gradually formed during the friction process can reduce friction, yet is easily destroyed,
resulting in relatively large wear. When the FLG content is too high, FLG can fully cover
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the friction surface, however, it is easy to polymerize during the friction process, so that
the FLG changes continuously in the two states of disordered polymerization and ordered
arrangement, which affects the anti-wear and anti-friction effect of the grease. Under the
working conditions of this paper, the grease with FLG content of 0.5 wt% is the grease with
the best friction and wear performance among the four greases.

4. Conclusions

1. The addition of FLG makes the fiber microstructure of the LCG more compact, result-
ing in greater structural strength, yield strength, apparent viscosity, storage modulus,
and loss modulus of the LCG.

2. FLG can enhance the viscoelasticity of the LCG, and the increase in temperature
will reduce the viscoelasticity of the LCG, and has a greater impact on the viscosity.
Adding an appropriate amount of FLG can offset the effect of temperature on the
elasticity and viscosity of the LCG, which means that FLG additives can improve the
viscosity–temperature performance of the grease and the performance of the elastic
deformation with temperature changes. Among the temperatures selected in this
article, 70 ◦C is more suitable for FLG to play a role.

3. An appropriate amount of FLG can make the boundary film more stable, can with-
stand long-term friction without failure, and reduce wear. When the FLG content is
too high, FLG can fully cover the friction surface, however, it is easy to polymerize
during the friction process, which makes the FLG change continuously in the two
states of disordered polymerization and ordered arrangement, resulting in the in-
stability of the boundary film and affecting the friction effect. Under the working
conditions of this paper, the grease with FLG content of 0.5 wt% is the grease with the
best friction and wear performance among the four greases.
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Abstract: Based on the mechanical model, the friction loss between the ball and the raceway along

the major axis of the contact ellipse is analyzed. The result shows that this part of the loss accounts

for about 13.67% of the overall loss, which is mainly determined by the ball sliding length and cannot

be ignored. The effects of the radial force, torque, rotational speed and groove curvature ratio on the

sliding are all studied. Compared with other factors, radial force has the greatest influence on the

sliding loss. As bearing speed gradually grows, the sliding on the inner raceway gradually increases

while it gradually decreases on the outer raceway. Compared to the outer raceway curvature ratio,

the sliding length is less sensitive to changes in the curvature ratio of the inner raceway. The paper

provides theoretical guidance for the design and application of low-friction bearings.

Keywords: angular contact ball bearing; sliding length; contact ellipse major axis; friction loss;

contact angle

1. Introduction

Owing to the characteristics of low friction and high precision, ball bearings are
widely used in rotational systems, such as high-speed motors, precision machine tools
and aero engines [1,2]. Regarding the complex internal structure of the bearing, relative
motion and force conditions, etc., there are complex tribological behaviors between balls
and inner/outer rings, which may cause bearing friction heat and power loss, and even
accelerate bearing wear and reduce bearing operation accuracy, etc. [1]. Therefore, the
bearing friction phenomenon hinders the further improvement of high-speed bearing
performance [3]. Especially with the continuous improvement of energy consumption
requirements of rotating equipment, the design of low-friction bearings has become a
current research hot topic. It is preferred to analyze the various complex sources of bearing
friction, such as the structural constraints, and to reduce their sizes in a targeted manner
by improving the structural and external operating conditions. Accurate computation
of bearing friction loss, operating in complex motion and force conditions, has become a
prerequisite for this research.

Since the middle of the 20th century, the frictional properties of bearing are investigated
by few scholars. Under different working conditions, the friction torque of different types
of bearings was experimentally tested by Palmgren et al. [4,5]. The empirical formulas
of bearing frictional torque were proposed based on the experimental data. However,
the friction model by these empirical formulas is mainly suitable for light load and low
speed conditions. Besides, the famous bearing company SKF proposed a set of models for
calculating bearing frictional torque also based on experimental dates [6]. Compared to
the former, the model accuracy has been improved, while it is mainly used for bearings
in standard installation and standard load condition. With an experimental method, the
influence of the raceway curvature radius on the frictional torque of angular contact ball
bearings was experimentally analyzed by Todd et al. [7]. Similarly, Rodionov [8] studied
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the effects of surface finish quality on bearing friction torque and it showed that, compared
with the surface finish quality of rings, the rolling element significantly affected the friction
torque. With the development of data processing methods, some new methods were
applied to the study of bearing friction torque. Based on statistical correlation theory, the
parametric-nonparametric fusion method was used to analyze the bearing friction torque
by Xu [9]. By measuring the friction torque, Zhang et al. [10] modeled the data with gray
theory to predict bearing friction torque. By summarizing the above work, it can be found
that the present friction torque models were all based on experimental methods and dates,
and then the overall friction performance of the bearing was investigated. However, the
bearing friction torque is actually affected by many factors inside the bearing, such as
bearing structural parameters, motion characteristics, load distribution etc. Especially
for ball bearing, the ball’s revolution, spin, gyro and other motion forms will affect its
friction performance.

Snare, Li and Wang et al. [11–13] pointed out that the friction inside the bearing mainly
comes from the elastic hysteresis, differential sliding, spinning, and friction agitation.
Ye et al. [14] established a simple friction model for bearing in steady state. The differential
sliding and spin friction were considered while the complex motion in the contact area
was ignored. In order to explore the influence of the movement of the contact area on
the friction performance of the bearing, by energy conservation law, the solution results
of the mechanical model were used to calculate the friction torque by Deng [15]. The
results show that the complex motion of the contact zone, such as balls sliding in the
contact zone, has an important impact on the friction loss. On the basis of the above
studies, Todd et al. [16] used the micro-slip theory to determine the pure rolling line in the
contact zone. Then the frictional resistance was solved by integrating the complex motion
of the contact zone. Unfortunately, the friction torque model and mechanical model are
unidirectionally coupled, thus the effect of friction torque on bearing internal motion is
missing. Houpert et al. [17] analyzed the motion of the contact zone and obtained the
pure rolling line between ball and raceway. Then, the integral of the contact zone was
calculated to obtain the contact friction. Finally, the bidirectionally coupled friction torque
was achieved based on Cao’s quasi-static model [18]. Because of the implementation of
bidirectional coupling and the refinement of the contact zone, an obvious change of the
friction results was observed. It indicates that the complex contact behavior between
bearing components has a significant impact on its total friction loss. Therefore, it is
necessary to study the internal friction characteristics of the bearing parts.

For bearing internal friction analysis, the current research mainly focuses on the
steady-state friction. That is, the total friction is generated by the complex motion in the
contact zone between the bearing parts, such as differential sliding and spin friction, etc.
As mentioned earlier, due to the motion of the ball in the ball bearing being particularly
special, the friction induced by the revolution is disregarded when the rolling elements
move in the circumferential direction. In other words, the current friction calculation mainly
considered the motions between the balls and the rings along the contact ellipse minor
axis, while the sliding friction along the major axis is ignored [19]. In fact, in conditions of
high speed and combined load, the internal forces of the bearing become very complicated.
In addition to the friction caused by the gyroscopic torque, the friction generated by the
contact angle cannot be neglected. Due to the inconsistent force of each rolling element,
the contact angle between the balls and the ring is unequal, which is the main cause of
the ball slides along the major axis of the contact ellipse during bearing operation. For
instance, the technical report of SKF pointed out that a large variation in contact angle has
an impact on the bearing friction [20]. As the ball slides along the major axis of the contact
ellipse, the collision force between the cage pocket and the ball increased, which eventually
causes the increases of bearing friction. Thus, it is of great significance to investigate the
sliding of the rolling element of the bearing along the major axis of the contact zone. In this
paper, taking the angular contact ball bearing as the research object, a quasi-static model
is established. In condition of the combined load, it is found that the friction caused by
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the sliding length of the bearing is discussed, such as operating parameters, structural
parameters and contact angles.

2. Quasi-Static Model of Ball Bearing

2.1. Establishment of Model

Due to the complex internal structure of angular contact ball bearings, the position
relationship among the bearing parts is described. As shown in Figure 1, Figure 1b is the
overall structure of an angular contact ball bearing, Figure 1a is a radial sectional view of
the bearing, and Figure 1c is an axial sectional view. In Figure 1, the x-axis is defined as the
bearing axial direction, and the radial plane is the y-z plane. As a whole, the bearing has
five degrees of freedom (δx, δy, δz—movement along the x, y, and z axes, θy, θz—rotation
around the y, z axes). In other words, under the action of load F (Fx, Fy, Fz, My, Mz), the
bearing may produce a generalized displacement in five directions. When a bearing is
used in engineering, the inner ring always rotates and the outer ring is fixed. Therefore,
the external load and rotational speed are applied to the inner ring, while the outer ring is
limited to six degrees of freedom.
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Figure 1. Internal structure of angular contact ball bearing. (a) Overall structure; (b) Radial sectional

view; (c) Axial sectional view.

2.1.1. Relative Position Analysis of Bearing Parts

After the ball at the azimuth position ϕj is loaded, its position changes are revealed in
Figure 2. Before being loaded, the three points of the curvature center of the inner raceway,
the ball center and the curvature center of the outer raceway were collinear and there was
no contact deformation. The distance between the curvature center, the inner raceway and
the outer can be expressed as follows:

l = B · Dw, (1)

where B = fi + fo − 1, fi and fo are the curvature ratios of the inner raceway and the outer,
respectively. Dw represents the ball diameter.

When the load F (Fx, Fy, Fz, My, Mz) and rotational speed ni are applied to the inner
ring, the relative positions change among the curvature center of the inner raceway, the ball
center and the curvature center of the outer raceway and the three are no longer collinear.
As the rotational speed increases, the ball-inner raceway contact angle gradually enlarges,
while the contact angle of the ball-outer raceway gradually decreases.
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Figure 2. Position relationships among the ball center and the raceway curvature centers.

At the azimuth position ϕj, the distance between the curvature center of the inner
raceway and the final position of the ball center is written as:

dij = ( fi − 0.5) · Dw + δij. (2)

Similarly, the distance of the outer ring is obtained by:

doj = ( fo − 0.5) · Dw + δoj, (3)

where δij is the contact deformation between the ball and the inner raceway while the
deformation of the outer is δoj.

From Figure 2, the distances between the curvature center of the inner raceway and
the outer in the horizontal and vertical directions are calculated as:

Axj = B · Dw · sin α0 + Bxj (4)

Ayj = B · Dw · cos α0 + Byj, (5)

where α0 means the initial contact angle. Bxj and Byj are the variations of the curvature
center of the inner raceway before and after loading on the x-axis and y-axis, respectively,
which can be expressed as:

Bxj = δx + Ri · θy · sin ϕj + Ri · θz · cos ϕj (6)

Byj = δy · sin ϕj + δz · cos ϕj, (7)

where δx, δy, δz are the displacements of the inner center relative to the outer center on the
x, y, and z axes, respectively. θy, θz denote the angular displacements around the y and z
axes. Ri represents the radius of the inner curvature center, which is determined by:

Ri = dm/2 + ( fi − 0.5) · Dw · cos α0, (8)

where dm is the pitch diameter of the bearing.
By observing Figure 2, it can be seen that these equilibrium equations, established in

the horizontal and vertical directions, contain a larger number of trigonometric functions.
Trigonometric functions are known to be unfavorable for numerical iterative solutions
because they are periodic functions. However, refer to Jones’s quasi-static model [21];
the new variables Xx and Xy are introduced to eliminate these functions to simplify the
solution process. Among them, Xx and Xy denote the distance between the ball center
and the inner curvature center in the horizontal and vertical directions, respectively. As
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shown in Figure 2, The contact angles of the ball at the azimuth position ϕj are written as
Equations (9)–(12):

sin αoj =
Xxj

( fo − 0.5) · Dw + δoj
(9)

cos αoj =
Xyj

( fo − 0.5) · Dw + δoj
(10)

sin αij =
Axj − Xxj

( fi − 0.5) · Dw + δij
(11)

cos αij =
Ayj − Xyj

( fi − 0.5) · Dw + δij
. (12)

In Figure 2, the geometric compatibility equations of the ball at the ϕj azimuth are
given as Equations (13) and (14):

(
Axj − Xxj

)2
+
(

Axj − Xxj

)2
+
(
( fo − 0.5) · Dw + δoj

)2
= 0 (13)

Xxj
2 + Xyj

2 −
(
( fo − 0.5) · Dw + δoj

)2
= 0. (14)

2.1.2. Interaction Force of Bearing Parts

Under high-speed operating conditions, the mechanical analysis of bearing com-
ponents is complicated. The ball is applied to the centrifugal force, causing dissimilar
ball-inner and ball-outer contact angles. The friction between the ball and the raceway
is caused by the gyroscopic torque. The interaction of the bearing parts is displayed in
Figure 3; Figure 3a is the force analysis of the entire bearing while Figure 3b is the j-th ball.
When a load F (Fx, Fy, Fz, My, Mz) and rotational speed ni are applied to the inner ring, the
corresponding displacement δ (δx, δy, δz, θy, θz) is generated. At this time, the inner ring is
pressed against the ball, and a corresponding contact deformation occurs between them.
The gyroscopic torque is generated because of the non-zero contact angle.
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(a)  (b) 

                      ‐    Figure 3. Force analysis of bearing parts. (a) Entire bearing; (b) j-th ball.

By observing Figures 2 and 3, the mechanical equilibrium equations of the ball at the
azimuth position ϕj are as follows:

Qoj · cos αoj − λo
Mgj

Dw
· sin αoj −Qij · cos αij + λi

Mgj

Dw
· sin αij − Fcj = 0 (15)

Qoj · sin αoj + λo
Mgj

Dw
· cos αoj −Qij · sin αij − λi

Mgj

Dw
· cos αij = 0, (16)
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where Qi/oj = Ki/oj·δi/oj
1.5, Ki/oj is the contact deformation coefficient between the ball and

the inner/outer ring, which can be calculated from [22]. λi/o represents the inner/outer
raceway control coefficient. According to reference [23], if it is inner raceway control, λi = 1,
λo = 1, otherwise it is outer raceway control, λi = 0, λo = 2.

Besides, the gyroscopic torque and centrifugal force of the ball are calculated with
Equations (17) and (18):

Mgj = Jb ·
(

wR

wi

)

j

·
(

wm

wi

)

j

· w2
i · sin β j (17)

Fcj = 0.5 ·mb · d2
m · w2

i ·
(

wm

wi

)2

j

, (18)

where Jb is the ball moment of inertia, wi means the angular velocity of the inner ring, and
mb denotes the ball mass.

According to Jones’ model theory [24], wm/wi, wR/wi, and tanβj are related to the
rotation speed and attitude of the ball, which can be expressed as the following formula:

wm

wi
=

1

1 +
(

cos αoj+tan β·sin αoj

cos αij+tan β·sin αij
× 1+γ·cos αoj

1−γ·cos αij

) (19)

wR

wi
=

−1(
cos αoj+tan β·sin αoj

1+γ·cos αoj
+

cos αij+tan β·sin αij

1−γ·cos αij

)
· γ · cos β

(20)

β = arctan

(
sin αij

cos αij + γ

)
, (21)

where γ represents the dimensionless constant, γ = Dw/dm.
Under high-speed operating conditions, the angular contact ball bearing can be re-

garded as a whole, and the load acting on the bearing should be balanced. In this paper,
the inner ring is used as the carrier, and the load applied by the outside should be balanced
with the load applied by the ball. The equilibrium equations of the inner can be established:

Fx −
Z

∑
j=1

(
Qij · sin αij + λi

Mgj

Dw
· cos αij

)
= 0 (22)

Fy −
Z

∑
j=1

(
Qij · cos αij − λi

Mgj

Dw
· sin αij

)
cos ϕj = 0 (23)

Fz −
Z

∑
j=1

(
Qij · cos αij − λi

Mgj

Dw
· sin αij

)
sin ϕj = 0 (24)

My −
Z

∑
j=1

((
Qij · sin αij + λi

Mgj

Dw
· cos αij

)
· Ri − λi · fi ·Mgj

)
sin ϕj = 0 (25)

Mz −
Z

∑
j=1

((
Qij · sin αij + λi

Mgj

Dw
· cos αij

)
· Ri − λi · fi ·Mgj

)
cos ϕj = 0, (26)

where Z means the number of balls.

2.2. Model Solution

The quasi-static model of an angular contact ball bearing is composed of nonlin-
ear equations, including the geometric compatibility Equations (13) and (14) of the ball,
the force balance Equations (15) and (16), and the balance equation of the inner ring
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Equations (22)–(26). The model has 4Z + 5 nonlinear equations and 4Z + 5 unknowns,
such as Xxj, Xyj, δij, δoj, δx, δy, δz, θy, θz (j = 1····z). Considering the solution accuracy and
efficiency of non-linear equations, the Newton–Raphson iterative algorithm is adopted
to solve. Because the initial value affects the accuracy of the iterative algorithm, and a
large number of solution parameters is included in this model. The results of the stat-
ics model [21] are used as the initial value of the quasi-static and are transferred to the
quasi-static model. The solution process of the above model is shown in Figure 4, and the
iteration convergence accuracy (eps) sets to 10−5.
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Figure 4. Solution process of the quasi-static model.

3. Model Verification and Sliding Loss Analysis

3.1. Model Versatility Verification

In this section, the mechanical model established above is verified by comparing the
relationship between the force and displacement of the bearing and the contact charac-
teristic. The displacement relation (stiffness) is verified by experiments, and the contact
characteristic (contact angle) is compared with the published reference.

3.1.1. The Relationship between Force and Displacement

First, the bearing stiffness test system built by our team was used to verify the mechan-
ical model above. As shown in Figure 5, the inner ring of bearing rotates with the precision
mandrel 5 while the outer is fixed. The non-contact axial load is applied to the bearing
through the air bearing plate 3, and the displacement sensor 6 and the force sensor 2 are
used to test the relative displacement of the inner and outer rings and the axial force. The
force and displacement signals are collected through the data acquisition system to measure
the axial stiffness of the bearing.

Based on the stiffness test system, the stiffness of a B7008C/P4 angular contact ball
bearing is measured. The specific structural parameters of B7008C/P4 are shown in Table 1.
We applied an axial force of 150 N and 300 N respectively, the rotational speed was gradually
increased from 100 r/min to 1900 r/min. The change in axial stiffness of the bearing is
shown in Figure 6.
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Figure 5. The Bearing stiffness test system. 1—FESTO cylinder; 2—The axial force sensor; 3—Air

bearing plate; 4—Bearing gland; 5—Precision mandrel; 6—Capacitive displacement sensor; 7—B&K.

Table 1. The B7008C/P4 structural parameters.

Parameters Values

Inner raceway curvature radius ri/mm 4

Outer raceway curvature radius ro/mm 3.79

Ball diameter Dw/mm 7.144

Number of balls Z 19

Pitch diameter dm/mm 54.007

Initial contact angle α0/◦ 15
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Figure 6. Comparison of experiment and model. (a) Stiffness between experiment and model;

(b) Error between experiment and model.

By observing Figure 6, it can be seen that the bearing stiffness decreases as the rota-
tional speed increases. This is caused by the change in contact angle due to the variable
rotational speed. The axial force has an obvious influence on the bearing stiffness, and the
stiffness increases as the axial force grows at the same speed. By comparing the theoretical
simulation with the experiment, the errors do not exceed 5%, which proves the model. The
errors may be caused by the axial runout of the spindle.
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3.1.2. The Contact Characteristic

Second, by comparing the deviation of the solution results of the model with that of
Harris et al. [24], the model is proved. A 218 angular contact ball bearing was taken as
the research object and the model was solved under given conditions. From reference [24],
the initial contact angle of the 218 was 40◦, and the rotational speed respectively was set
to 6000, 10,000, 15,000 r/min, while the axial force was gradually increased from 17,500 N
to 44,500 N since the focus of this study was the contact angle, which was the object of
verification. Figure 7 is the result of the comparison.
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Figure 7. Comparison of the results [24] with the model. (a) Results of the model; (b) Results of the

Ref. [24]; (c) Error between the reference and the model.

From Figure 7, the contact angle is greatly affected by the axial force and the rotational
speed. The ball-inner raceway contact angle gradually reduces as the axial force increases,
while the contact angle of the outer becomes larger. With the increasing rotational speed,
the ball-inner raceway contact angle continuously increases and the contact angle of the
outer decreases. By comparison, the deviation between the results of this model and the
results [24] is within 5%, which is considered to be caused by unit conversion, and the
correct and reliable of the model was obtained. The error may be caused by unit conversion.

3.2. Analysis of Sliding Loss Caused by Contact Angle Changes

Based on the model above, the B7008C/P4 bearing is taken as the research object to
investigate the sliding. Firstly, the contact characteristics among the bearing components
under the combined load are analyzed.

The dynamic characteristics of the 7008 can be obtained by solving the quasi-static
model. The constant combined load (Fx = 500 N, Fz = −300 N) and rotational speed
(ni = 10,000 r/min) are considered. The force applied to each ball is not equal because of
the radial load, which causes their contact angle values to be different. The variability of
the contact angle will cause sliding between the ball and the raceway, as shown in Figure 8.
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Figure 8. Analysis of sliding under a combined load.

Owing to the variable of the contact angle, the ball slides along the major axis of the
contact ellipse relative to the raceway and the sliding length of the ball relative to the inner
raceway at the azimuth position ϕj is:

sij = ri ·
(
αij − αimin

)
. (27)

The sliding length of the ball at this azimuth relative to the outer raceway is:

soj = ro ·
(
αoj − αomin

)
, (28)

where αij is the contact angle of the ball at the azimuth ϕj with the inner ring and the angle
of the ball with the outer is αij. αimin expresses the minimum contact angle of the ball with
the inner ring when it runs for a cycle while αomin means the minimum angle of the ball
with the outer ring.

To clearly express the ball information of each azimuth angle, the ball is labeled. The
ball mark in the opposite direction to the z axis is designated as 0, where the azimuth angle
is 0◦. The counterclockwise rotation around the x-axis is specified as the positive direction.

By observing Figures 8 and 9, when the ball azimuth is 0◦, the contact angle between
the ball and the inner ring or the outer is a minimum. At this location, the contact point
between the ball and the inner ring is a1, and the contact point with the outer ring is b1.
At the azimuth position 180◦, the contact angle between the ball and the inner ring or the
outer is a maximum. The contact point between the ball and the inner ring at the position is
a2, and the contact point with the outer ring is b2. When the ball moves from 0◦ to 180◦, the
contact angle between the ball and the ring gradually becomes bigger and the contact point
between the ball and the ring moves from 1 to 2 along the major axis of the contact ellipse.
In contrast, the contact angle between the ball and the ring reduces, when the ball moves
from 180◦ to 360◦ (0◦). The contact point between the ball and the ring moves from 2 to 1
along the major axis of the contact ellipse. In the dynamic operation process, when the
ball runs for a week, the contact angle changes cyclically once (from small to large, and
then from large to small). The contact point moves back and forth between 1 and 2 points.
Figure 9 is the relationship between the change of the contact angle and the sliding length
of the ball in a period. Under the working conditions, the maximum sliding length between
the ball and the inner ring is 0.6987 mm for 7008, and the maximum sliding length of the
outer ring is 0.5381 mm.
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Figure 9. Relationship between sliding length and contact angle. (a) Ball-Inner raceway contact angle;

(b) Ball-Outer raceway contact angle.

During operation, the motion of the bearing parts is shown in Figure 10. Assuming
no sliding occurs on the bearing, the driving rotational speed applied by the inner ring
only rotates around its own x-axis. Thus, the velocity component of the ball is concentrated
in the ellipse contact minor axis direction between the ball and the inner ring, while the
component in the major axis direction is smaller under the circumstances. The motion in
the minor axis direction is rolling, and the sliding occurs in the major axis direction. Since
the rolling friction coefficient is very small, there is little heat generation. However, the
sliding friction coefficient is large, and the friction heat is serious. The sliding in major axis
direction is the focus of the investigation.

                   
 

 

                               
                                 

                                       
                             
                                     
                               
                                 

                                 
                               
                                 

                               
                             
                                 

             

   
   

                    ‐       ‐
    ‐        

                           
                             
          ‐                   ‐
                               

                           
                               

                           
                               
               

 
(a)  (b) 

                             Figure 10. The relative relationship between ball and raceway. (a) Inner raceway; (b) Outer raceway.

The bearing friction loss above occurs due to sliding caused by changes in the contact
angle. The micro-element method is used to calculate the loss. Firstly, the ball is divided
into finite parts for a week and the results are added up to obtain the average value, which
is expressed as:

H =
1

n

n

∑
j=1

F f j ·
∆sj

∆t
, (29)

where n means that the operation week of the ball is divided into n stages. Ffj is the average
friction force experienced by the ball in stage j. ∆sj represents the slip increment of the ball
in stage j. ∆t denotes the time taken to pass stage j for the ball.

For the frictional force Ffj, assuming ignoring the slight rolling, the sliding is only
considered in the major axis direction. Such force can be determined as follows:

F f j =
µ
(
Qj + Qj+1

)

2
, (30)

where µ is the sliding friction coefficient, which can be obtained in [25].
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Based on the above theory, a combined-loaded bearing (Fx = 500 N, Fz = −300 N,
ni = 10,000 r/min) is solved. Because of the ball sliding along the major axis, the heat
generated on the inner raceway is 9.456 W, while the outer is 8.624 W. The integral heating
of the bearing obtained by empirical equation [26] is 132.2792 W. The power loss by sliding
approximately accounts for 13.67% of the total heat. Ignoring the sliding loss, the results of
frictional heat will be seriously affected and the heat generated by the sliding loss is almost
proportional to the sliding length of the ball along the major axis direction on the raceway.
Thus, the sliding length is taken as the evaluation criterion to investigate the friction, and
the effects of working conditions and curvature ratio are analyzed.

4. Results and Discussion

Based on the model in Section 2, a 7008 angular contact ball bearing is taken as the
object to be solved. By the sliding length of the ball on the raceway, the friction loss of the
bearing with different initial contact angles (15◦, 25◦) is studied. The efforts of the working
conditions and the structural parameters are discussed.

4.1. Radial Loaded Bearing

The influence of the radial force on the ball sliding is first studied, including the
direction and magnitude. Without the torque (My = Mz = 0 N·mm), a constant axial force
(Fx = 500 N) and rotational speed (ni = 10,000 r/min) is considered. By changing the radial
force, the trend of sliding with different contact angles is analyzed.

Firstly, the y-axis is applied to the radial force, while the force of the z-axis is 0. With
the rising of radial force (Fz) on the y-axis, the sliding length of the ball with different
contact angles is shown in Figure 11.
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Figure 11. Fy’s influence on the sliding of the inner ring and outer ring. (a) The sliding of inner

raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦; (d) The

sliding of outer raceway-25◦.

The relationship between the sliding length and the radial force is shown in Figure 9.
For bearings with the same initial contact angle, the effect of force is similar. The minimum
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contact angle (αmin) appears when the ball is 90◦, where the sliding length is 0. The
maximum contact angle (αmax) is located at the ball azimuth of 270◦, which is the largest
sliding. As the radial force of Fy grows, the sliding length increases. The variation trend of
the sliding is relatively slight when the contact angle of the ball near the αmin or αmax. The
friction loss is quite small. On the contrary, the trend is relatively sharp in other positions,
and the loss becomes large. As for bearings of different initial contact angles, the azimuth
angles of αmin or αmax are the same. However, the sliding trend of the bearing with 25 ◦ is
larger than that of the 15◦ under the same force, and the friction loss is also greater. When
the ball azimuth closes 45◦ and 135◦, the variation of sliding changes rapidly for the inner,
while the larger change for outer appears near the azimuth of 225◦ and 315◦. This means
there is more friction.

Secondly, setting Fy to 0, the z-axis is applied to the radial force. As shown in Figure 12,
the relationship between the sliding with different contact angles and the radial force is
analyzed. No matter whether the initial contact angle is 15◦ or 25◦, the αmin appears at the
position where the azimuth is 0◦, and the azimuth of the αmax is 180◦. The other effects of
the z-axis are similar to the force applied in the y-axis.
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Figure 12. Fz’s influence on the sliding of the inner ring and outer ring. (a) The sliding of inner

raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦; (d) The

sliding of outer raceway-25◦.

Finally, the y-axis and the z-axis are applied to the radial force at the same time,
which is gradually growing. Figure 13 shows the relationship between the radial force and
the sliding with different initial contact angles and the radial force. It can be found that,
regardless of the initial contact angle, the azimuths of αmin and αmax are constant and the
αmin appears at the azimuth of 45◦, while the 225◦ azimuth is the αmax. Other changes have
similar effects to the radial force applied to the y-axis or the z-axis individually.
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Figure 13. The combined effect of Fy and Fz on the sliding of the inner ring and outer ring.

(a) The sliding of inner raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of in-

ner raceway-25◦; (d) The sliding of outer raceway-25◦.

To summarize, the sliding length is only affected by the magnitude of the radial force,
independent of its direction. With the increasing of the radial force, the variation trend
of sliding is increases. However, the direction of the radial force has an influence on the
azimuth angles of αmin and αmax.

4.2. Torque Component

In this section, the relationship between the torque and the sliding is investigated.
The axial force (Fx = 500 N), radial force (Fy = 200 N, Fz = 0 N) and rotational speed
(ni = 10,000 r/min) are constant. The sliding of different initial contact angles is discussed
by changing the torque.

Firstly, the y-axis is only applied to the torque, which increases from 0 N·mm to 250 N·mm.
The torque of the z-axis is 0. This means that the radial force and the torque are exerted
to the same axis. Figure 14 shows the relationship between the torque and the sliding of
different initial contact angles.

From Figure 14, the difference in sliding of different contact angles is small. As the
torque component increases, the azimuth angles of αmin and αmax are same and the sliding
lengths of different torques are almost equal. Although the sliding rate grows with the
increase of torque, the effect is small. For bearings with different initial contact angles, the
influence of torque on the sliding is not obvious. The sliding of an initial contact angle
of 25 ◦ is slightly less sensitive to this torque than that of 15 ◦. From Figure 14, we can see
that the total sliding length of a larger initial contact angle is greater than the sliding of a
small contact angle.

Secondly, the z-axis applied to the torque is considered, which is gradually rising. In
other words, the radial force is applied to the y-axis while the z-axis exerts to the torque.
The relationship between the torque and the sliding length of different initial contact angles
is shown in Figure 15.
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Figure 14. My’s influence on the sliding of the inner ring and outer ring. (a) The sliding of inner

raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦; (d) The

sliding of outer raceway-25◦.

                   
 

 

   

                                     
‐             ‐             ‐       ‐

      ‐  

                             
             α    α            
                           
                             
                                 

                                       
                                   
     

    ‐                        
                  ‐       ‐          

                          ‐
           

(a)  (b) 

(c)  (d) 

                                     
‐             ‐             ‐       ‐

      ‐  

                                 
                              ‐
             α    α              

                           
                             

Figure 15. Mz’s influence on the sliding of the inner ring and outer ring. (a) The sliding of inner

raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦; (d) The

sliding of outer raceway-25◦.
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As shown in Figure 15, this type of torque has an influence on the sliding length of the
bearing with the same initial contact angle. As the torque rises, the sliding length gradually
decreases and the azimuth angles of αmin and αmax are constant. As for the variation rate
of sliding, it also gradually reduces. With regard to bearings with different initial contact
angles, the variation rates are distinct. The rate of bearings with an initial contact angle
of 15◦ is more sensitive to torque than the rate of 25◦. However, the total sliding length of
the 25◦ is generally greater than that of the 15◦.

In summary, when the torque and radial load are applied to the same axis, the effect
of torque on sliding is very weak. On the contrary, applying the torque and radial load to
the different axes, the torque has a corresponding effect on the sliding. With the torque
increasing, the sliding length gradually lessons. From Figures 14 and 15, regardless of
whether the torque and the radial force are on the same axis, the sliding lengths of different
initial contact angles are unequal and the sliding with an initial contact angle of 25◦ is
always greater than that of 15◦.

4.3. Rotational Speed Bearings

To reveal the influence of rotational speed on sliding length, speed gradually increases.
Regardless of the torque (My = Mz = 0 N·mm), the axial force (Fx = 500 N) and the radial
force (Fy = 200 N, Fz = 0 N) are considered. Figure 16 shows the relationship between the
sliding length and the rotational speed.

(a) (b) 

  
(c) (d) 

α α

α

Figure 16. The effect of rotational speed on the sliding of the inner ring and outer ring. (a) The sliding

of inner raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦;
(d) The sliding of outer raceway-25◦.

Figure 16 shows the curves of the sliding length changing with the rotational speed
for the bearing. It can be seen that, as the rotational speed increases, the azimuth angles of
αmin and αmax remain unchanged. For the inner ring, the higher the speed, the greater the
sliding length, and the faster the variation rate of sliding. On the contrary, with the rising
rotational speed, the sliding length of the outer ring reduces and the change rate of outer
sliding gradually grows. Compared with the outer ring, the inner ring is more sensitive to
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the speed. As for the bearing with different initial contact angles, the sliding with an initial
contact angle of 25◦ changes more than that of 15◦. Besides, for the bearing with an initial
contact angle of 25◦, the non-sliding area appears near the αmin.

4.4. Groove Curvature Ratio

In addition to working conditions, the structural parameters may also affect the sliding.
The curvature ratio of the raceway has an important influence on the friction loss. Ignoring
the torque (My = Mz = 0 N·mm), a constant combined force (Fx = 500 N, Fy = 200 N,
Fz = 0 N) and constant speed (ni = 10,000 r/min) are applied to the bearings. The effects of
the curvature ratio of the raceway on the sliding are investigated.

Firstly, the influence of the curvature ratio of the inner raceway on the sliding is
considered. The curvature ratio of the outer raceway is constant (fo = 0.535), while the ratio
of the inner (fi) gradually increases from 0.515 to 0.565. The relationship between the ratio
of the inner and the sliding lengths is shown in Figure 17.
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Figure 17. The effect of curvature ratios on the sliding of the inner ring and outer ring. (a) The sliding

of inner raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦;
(d) The sliding of outer raceway-25◦.

By observing Figure 17, as the curvature ratio of the inner raceway increases, the
azimuths of αmin and αmax are constant and the sliding length of rings gradually decreases.
However, once the ratio reaches a certain value, the sliding changes will be not obvious.
The initial contact angle of the bearing is different, and the influence of the ratio on the
sliding is different. The sliding length of a bearing with an initial contact angle of 15◦ is
smaller than that of 25◦.

Then the relationship between the curvature ratio of the outer raceway and the sliding
is analyzed. Keeping the ratio of the inner constant (fi = 0.535), the outer ratio (fo) gradually
increases. The influence of the outer ratio on the sliding is presented in Figure 18. The
outer ratio has a weak effect on the sliding length, but the overall trend gradually increases.
When the outer ratio exceeds a certain value and continues to increase, the sliding length is
almost constant. For bearings with different initial contact angles, the effects of the outer
ratio on the sliding are disparate. For the bearing with an initial contact angle of 15◦, the
effect of the outer ratio on sliding is not distinct. However, the outer ratio has a significant
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impact on the sliding for the bearing with 25◦. As the outer ratio increases, not only the
sliding length but also the variation rate of the sliding gradually grows.
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Figure 18. The effect of curvature ratios on the sliding of the inner ring and outer ring. (a) The sliding

of inner raceway-15◦; (b) The sliding of outer raceway-15◦; (c) The sliding of inner raceway-25◦;
(d) The sliding of outer raceway-25◦.

To summarize, compared with the curvature ratio of the outer raceway, the sliding
is more sensitive to the inner ratio. In addition, the larger the inner ratio, the smaller the
sliding length. The influence of the outer ratio on the sliding is just the opposite; with an
increasing outer ratio, the sliding gradually decreases.

5. Conclusions

Taking the sliding length as the evaluation object, the influences of working conditions
and structural parameters on bearing friction are investigated, and the conclusions are
as follows:

(1) The effect of radial force on the sliding length is great. As the radial force rises, the
sliding length between the ball and raceway grows, especially with a larger initial
contact angle;

(2) The direction of torque also has an important influence on the sliding length. When
the radial force and torque are applied on the same coordinate axis, the magnitude of
the torque hardly affects the sliding, while when applied on the different axes, the
influence is obvious;

(3) With the increase of the rotational speed, the sliding between the ball and the inner
raceway increases, while the sliding of the outer raceway decreases;

(4) The curvature ratios of both inner and outer rings affect the sliding, while the influence
trend is the opposite. As the ratio increases, the sliding of the inner increases, while
that of the outer decreases.
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Abstract: In this paper, a quasi-static angular contact ball bearing model, considering assembly

accuracy is constructed, while a numerical solution method for bearing stiffness under bad assembly

state is established. A 7014C angular contact ball bearing is used as the research object and five groups

of different spacer inclinations are designed to imitate the installation error of the spindle bearing. The

bearing stiffness performance was comparatively analyzed, according to the five spacers. The effect of

preload and rotation speed on bearing stiffness are systematically investigated, considering different

parallelism errors, as induced by the spacers. The influence mechanism of the badly assembled

bearing on the respective stiffness anisotropy is studied based on the proposed model. The results

show that the variations of the inclination between the inner and outer rings of the bearing exhibit

a very weak effect on the axial stiffness, while the influence on the radial and angular stiffness is

more significant.

Keywords: angular contact ball bearing; spacer inclination; bearing stiffness

1. Introduction

The factors that affect the performance of a machine tool, over the course of a spindle
system’s whole life cycle, include not only the quality of the spindle components, but
also the design of the spindle system, the component assembly process and the assembly
technique. Angular contact ball bearings have a significant impact on the performance of the
spindle system, as the core rotating support element, while bearing stiffness performance
indicators have a direct impact on spindle system vibration, noise, rotational precision, end
jump and service life [1–5]. Moreover, the accuracy of the bearing stiffness values is crucial
in building a global model of the spindle system. Indeed, the frequency response function
and, in particular, the critical eigenfrequencies are directly linked to the bearings’ stiffness.
As a result, additional quantitative study is required, to investigate the relationship between
bearing assembly quality and bearing stiffness in all directions, in order to determine how
the bearing assembly quality affects the stiffness performance of the bearing and even the
spindle system.

Ball bearings, as a kind of rolling bearing, are one of the most important parts of
spindle-bearing system. Many researchers [6–8] established that spindle performance
changes dynamically due to the nonlinear effect of bearings stiffness. A great number of
scholars have conducted studies on bearing stiffness, including bearing stiffness analysis
and calculation, as well as bearing stiffness change affect factor analysis [9]. Jones, for
example, was the first to develop the rolling bearing contact angle analysis mechanics
model, which was the basis for the numerical assessment of the bearing load and change
law, while Harris later enhanced the model and it was widely accepted by other researchers
as Jones and Harris model [10,11].
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J. Jedrzejewski [12] researched the relationship between the rotation speed and bearing
stiffness, deriving the “bearing stiffness softening phenomenon”, where the bearing stiff-
ness continues to drop, as the bearing rotational speed rises. Matti Rantatalo [13] held the
same view and the respective research also pointed that the radial stiffness would drop to
40%, when the rotational speed was up to 20,000 rpm, based on the presented calculations.
However, both of them did not give a detailed calculation model to explain the speed
varying stiffness, dependent on the analysis of bearing contact force. In the work of Sheng
et al. [14]., the detail notion of rolling bearing speed-varying stiffness is introduced and
explained, based on the relations of load-deflection, according to the bearing dynamic
model, also based on Jones and Harris’s model.

David Noel [15] proposed a new method for the computation of the stiffness matrix: a
complete analytical expression is presented, including dynamic effects, in order to ensure
accuracy at high shaft speed. This new method is particularly relevant in the case of lightly
loaded bearings in critical applications (both high values of shaft speed and ball orbital
diameter). Yi Guo [16] developed a finite element/contact mechanics model for rolling
element bearings, with the focus on obtaining accurate bearing stiffness for a wide range of
bearing types and parameters. The presented fully-populated stiffness matrix demonstrates
the coupling between bearing radial, axial and tilting bearing deflections. However, this
method did not consider the rotational speed effect on the bearing stiffness.

Cao [17] et al. tested the influence of bearing positioning preload and constant pressure
preload on spindle-bearing dynamic stiffness, concluding that positioning preload is more
effective than constant pressure preload in preserving spindle dynamic stiffness, under
cutting loads at high speeds. Aramaki [18] studied bearing stiffness under the influence of
preload force and confirmed the mapping link between preload force and bearing stiffness
features. Yang [19] used the proposed static model of rolling bearing, to calculate the
dynamic stiffness of the bearing and determined its operational stiffness, considering
the influence of rotational speed, initial preload force, thermal preload force and oil film
thickness on bearing stiffness. Liu [20] suggested a methodology, based on finite element
analysis, in order to study the influence of preload on bearing stiffness and discover the
bearing’s equilibrium state while under load.

The experiment about bearing stiffness has also been conducted by many researchers.
Walford et al. [21] developed a spindle-bearing test platform, to estimate the bearing’s radial
stiffness and damping, by measuring the response of the spindle, as well as to determine
the effect of temperature on the stiffness of the bearings. Similarly, Kraus et al. [22] pointed
out that, static bearing stiffness is very close to the stiffness measured while the bearing
is running, based on stiffness and damping characteristics of a radial ball bearing, as
derived by experimental modal tests. Marsh E R et al. [23] carried out an experimental
measurement of precision bearing dynamic stiffness, where it was pointed out that an
analysis of the method is sensitive to errors in sensor location, while several practical
advantages of the proposed approach, over traditional static testing, were demonstrated.
However, the majority of the above studies are based on a mechanical model of the bearing,
under ideal operating conditions. Nonetheless, in engineering applications, various errors
and even installation eccentricity in the bearing-spindle coupling system are inherent, while
the bearing operation is affected by the additional moment.

Recently, ring misalignment occurrence has attracted much attention from the academia.
Many researchers are devoted to studying the effect of ring misalignment error on the
operating characteristics of rolling bearings. Zhang [24] studied the effect of ring mis-
alignment on the service characteristics of ball bearing and rotor system; however, the
analysis of bearing stiffness is not the key research content of this study. Xu [25] researched
the effect of angular misalignment of inner ring on the surface contact characteristics and
stiffness coefficients of duplex angular contact ball bearing. It was pointed out that, the ring
misalignment considerably changes the surface contact characteristics of ball-raceway and
causes uneven load distribution. As a result, Zhang [26] built a model that included the
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bearing’s deflection angle and assessed the effect of axial and radial loads on the contact
angle, but the change law of bearing stiffness performance was not investigated.

This issue is addressed in this paper, where the mechanism of bearing stiffness change
is studied, in the context of poor assembly. Furthermore, the influence of rotational speed,
preload and assembly quality on bearing stiffness, in all directions, is systematically an-
alyzed (the relative tilt amount of the inner and outer ring of the bearing), while the
quantitative description of the bearing, from the assembly error expression to bearing
stiffness performance change, is realized.

2. Bearing Stiffness Solution Model Construction

2.1. Equivalent Transformation of Bearing Spacer Non-Parallel

A common way to adjust the initial assembly preload of spindle bearings is the use of
spacers. In the case where the spacer end faces are not parallel, there is a greater impact
on the bearing’s initial assembly state, causing the bearing to operate in a relatively tilted
attitude, between the inner and outer rings, which affects the bearing’s mechanical and
stiffness characteristics. This approach allows for the simulation of various bearing spacer
tilting circumstances. Figure 1 shows the tilting of the spacer and the subsequent changes
in the forces on the bearing’s inner and outer rings.
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where, Fa represents the axial load applied on the bearing (N); Fr is the radial load applied
on bearing (N); Z is the number of the rolling balls; Qoj is the contact load between jth ball
and outer ring (); αoj is the contact angle between the jth ball and the outer ring (rad); Mgj is
the gyroscopic moment of the jth rolling element (N·mm); Db is the diameter of the rolling
ball; λoj is the load distribution coefficient of outer raceway.

Furthermore, in the case of bearing spacer non-parallelism, caused by the relative tilt
of the bearing’s inner and outer rings, the contact force created on the rolling body and
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raceway contact region produces a moment M, relative to the inner and outer ring of the
bearing tilt, whose value is calculated as follows:

M =
Z

∑
j



(

Qoj sin αoj −
λoj Mgj

Db
cos αoj

)
Ro

+
λoj Mgj

Db
ro


 cos ϕj (2)

where, Ro is the radius of the outer raceway curvature center (mm); r is the distance from
the point of load force application to the axis (mm); ϕj is the orientation of the jth rolling
element (rad).

It is evident that, due to the non-parallelism of the spindle spacer and the resulting
bearing inner ring, the outer ring experiences a relative tilt, causing non-uniformity in the
rolling body and raceway contact area, while under load, which triggers the additional
bending moment and has an impact on the bearing stiffness performance.

2.2. Bearing Stiffness Solution

The 5th order square matrix, created by taking the partial derivative of the external
load f applied to the bearing, against the relative displacement d of the inner and outer
rings of the bearing, is the analytical way of solving the bearing stiffness matrix. The Jones
model is used to calculate the three-degree-of-freedom hydrostatic parameters, used as
the initial value of the iterative algorithm to obtain the proposed three-degree-of-freedom
hydrostatic solution parameters. Next, the derived three-degree-of-freedom hydrostatic
parameters are used as the initial value of the Newton-Raphson iterative solution method,
used to obtain the proposed five-degree-of-freedom hydrostatic parameters of the bearing
and solve the 4Z + 5 equations. In the solution process, each rolling element equation is a
local equation, whereas the overall bearing force equation is a global equation. The solution
variables for each rolling element are: X = {X1, X2, δi, δo}j, j = 1, 2 . . . Z where Z is the
number of scrolling bodies and is called the local solution variable. f = {Fx, Fy, Fz, My, Mz}
is called a global load variable, d = {δx, δy, δz, θy, θz} is called a universal displacement
variable. According to the global equations, the overall bearing force and each rolling body
force are related, so when solving the overall bearing force equation, each rolling body
equilibrium equation must also be solved, joining each rolling body solution formula and
force equilibrium equation. The specific solution flow is shown in Figure 2.
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3. Bearing Stiffness Solution Condition Settings

In this paper, the well-known commercially available precision angular contact ball
bearing 7014C is employed, with parameters as listed in Table 1.

Table 1. Basic bearing parameters.

Parameter Value

Db (mm) 11.9
fi (mm) 0.52
fo (mm) 0.52

Z 20
dm (mm) 90.5

α0 (◦) 15
Eball (Mpa)

ρball (kg·mm3)
2.06 × 105

7.8 × 10−6

vball 0.3
Ering (Mpa) 2.06 × 105

vring 0.3

The end face of the spacer is always machined with one end face as the reference
surface and the other end face is ground. Due to manufacturing errors, the machined
surface is not perfectly flat. In other words, there is a parallelism error between the
machined end face of the spacer and the reference surface, which is depicted in Figure 2.
To facilitate analysis and calculation, this paper uses the inclination angle θ of the spacer
end face to characterize the non-parallelism of the spacer end face, expressed as:

θ = arctan
∆

L
(3)

where L is the outer diameter dimension of the outer spacer (mm), in relation to the mating
bearing. This paper is based on the analysis of the 7210C bearing, so the value of L is 90
mm; ∆: The height difference between the highest point and the lowest point of the spacer
end face (µm) is shown in Figure 3.
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Figure 3. Graphical depiction of spacer end face non-parallelism.

For theoretical analysis purposes, several groups of spacers with parallelism errors
are set up in this study, which are denoted as: ∆ = 10 µm, 20 µm, 30 µm, 40 µm, while the
corresponding tilt angle values of these four groups of outer spacers with parallelism errors
are: θ1 = 0.0052◦, θ2 = 0.0104◦, θ3 = 0.0156◦, θ4 = 0.0208◦as listed in Table 2. According
to the NSK bearing manual, the spacer face runout within 3 µm is within the design error
tolerance, so the spacer mark within the design error range is: ∆ = 0 µm, which indicates a
well parallel spacer. The angle of tilt is noted as: θ0 = 0◦. In contrast with the tilting of a
bearing, caused by an individually applied bending moment, when the bearing is tilted
due to a dimensional error in the outer spacer, the bearing is also tilted to a certain extent
by the geometric constraints of the spacer end face.
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Table 2. Description of bearing stiffness analysis conditions.

Preload
Extremely Light

Preload
(EL)

Light Preload
(L)

Medium Preload
(M)

Heavy Preload
(H)

0 µm/0◦ 145 N 290 N 740 N 1470 N
10 µm/0.0052◦ 145 N 290 N 740 N 1470 N
20 µm/0.0104◦ 145 N 290 N 740 N 1470 N
30 µm/0.0156◦ 145 N 290 N 740 N 1470 N
40 µm/0.0208◦ 145 N 290 N 740 N 1470 N

The analysis shows that, in the assembly of the spindle, there will be a tilting gap
between the outer spacer and the bearing outer ring, due to the existence of the tilting
angle of the outer spacer end face. As shown in Figure 4, the bearing and housing is
usually a clearance fit, resulting in clearance inside the bearing. There is a possibility of
the bearing outer ring being tilted, during the transfer of force, under the action of the
axial assembly force and the contact between the tilted end face of the outer spacer and the
bearing outer ring.
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bearing and spacer, (b) bearing force, (c) ball orientation diagram.

The notion of bearing mounting quality, as opposed to the ideal load bearing stiffness
change law, can more accurately reflect the actual engineering application of bearing
stiffness performance, bearing mounting quality analysis, bearing joint parts quality on
the bearing and even spindle stiffness service performance of the mechanism. In this view,
it is the bearing mounting quality and recommended assembly parameters in real-world
engineering applications that are considered in this paper; as well as a number of working
scenarios for the investigation of bearing stiffness performance, with exact factors (Table 2).
Different speed values (at 1000 rpm increments), preload conditions and bearing deflection
circumstances are all used to compute stiffness variations.

4. Analysis of Factors Influencing Bearing Stiffness

4.1. Bearing Stiffness Variation Law under Different Working Conditions

The variation of axial, radial and angular stiffness values on a macro scale reflects
the bearing stiffness characteristics. The diagram in Figure 5 demonstrates that there are
five surfaces (five surfaces indicate five different tilt conditions: 0 µm −10 µm −20 µm
−30 µm −40 µm). It is harder to determine that this is a superposition of five surfaces,
based on the three-dimensional surface diagram. More specifically, the effect of tilting the
inner and outer rings of the bearing on its overall axial stiffness Kxx, radial stiffness Kyy,
radial stiffness Kzz, angular stiffness Kθy and angular stiffness Kθz does not cause significant
value fluctuation. The reason for this could be that some of the local differences in surface
changes are difficult to discern in 3D views, while the changes in bearing stiffness are so
miniature that they are difficult to reflect on the overall stiffness change relationship graph.
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As a result, a view is transformed to analyze the stiffness variation rule (Figure 6). It is
observed that the bearing stiffness varies significantly under different preloads. Specifically,
raising the bearing preload can effectively improve bearing stiffness performance, whereas
as preload and speed increase, bearing stiffness reduces significantly (bearing heavy preload
versus light preload conditions). In addition, the axial stiffness is one order of magnitude
lower, compared to the radial stiffness, while no significant variation is found between
the horizontal radial stiffness and the vertical radial stiffness, as well as between the
two angular stiffness components Kθy. The bearing stiffness variations in all directions,
in relation to its inner and outer ring tilt angle fluctuations, are not obvious but exhibit a
certain regularity. That is, stiffness increases and decreases in relation to spindle speed and
preload force, while it is not a linear relationship.

4.2. Analysis of the Variation of Bearing Stiffness in All Directions in Relation to Speed

The stiffness—speed—preload relationship graph, based on variations in the bearing’s
inner and outer ring tilt, does not adequately reflect the influence of imperfect mounting
on bearing stiffness, as shown in Section 4.1. In engineering, the tilting of inner and outer
rings inevitably leads to a change in the internal contact parameters of the bearing. If this
tilting angle is known, the change in contact parameters will lead to a change in contact
stiffness, until it is reflected in the isotropic stiffness of the bearing. As a result, the effect
of the additional bending moment, induced by the relative tilting of the inner and outer
rings, on bearing stiffness, will be investigated, in order to further confirm it, based on a
two-dimensional plane perspective.
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based on a two-dimensional plane perspective.  

Figure 7 shows the change in the axial stiffness of the bearing, as a function of speed, 
under various preload forces. It also illustrates a comparison and analysis of the change 
in axial stiffness of the bearing, as a function of the inner and outer rings inclination value. 
Based on Figure 5, from a macroscopic point of view, bearing inner and outer ring relative 
tilt angle variations did not produce too high influence on the axial stiffness. In the oper-
ating conditions of Extremely Light preload (EL), Light preload (L), Medium preload (M), 
bearing stiffness change curve shows obvious consistency, as the five curves almost over-
lap. In the Heavy preload (H) operating conditions, the axial stiffness difference in the 
local magnification chart is slightly obvious. However, compared to the bearing axial stiff-
ness value of 1–2 magnitude orders lower, this difference can be ignored. At the same 
time, another occurrence was specified, namely the considerable change in axial stiffness 
of the bearing, caused by the preload force. In the mild preload situation, when the speed 
approaches 1800 rpm, the axial rigidity gradually drops, until stabilizing at 5000 rpm. The 
slope of the drop is less than that, in the slight preload conditions. Similarly, in the bearing 
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Figure 7 shows the change in the axial stiffness of the bearing, as a function of speed,
under various preload forces. It also illustrates a comparison and analysis of the change
in axial stiffness of the bearing, as a function of the inner and outer rings inclination
value. Based on Figure 5, from a macroscopic point of view, bearing inner and outer ring
relative tilt angle variations did not produce too high influence on the axial stiffness. In the
operating conditions of Extremely Light preload (EL), Light preload (L), Medium preload
(M), bearing stiffness change curve shows obvious consistency, as the five curves almost
overlap. In the Heavy preload (H) operating conditions, the axial stiffness difference in
the local magnification chart is slightly obvious. However, compared to the bearing axial
stiffness value of 1–2 magnitude orders lower, this difference can be ignored. At the same
time, another occurrence was specified, namely the considerable change in axial stiffness of
the bearing, caused by the preload force. In the mild preload situation, when the speed
approaches 1800 rpm, the axial rigidity gradually drops, until stabilizing at 5000 rpm.
The slope of the drop is less than that, in the slight preload conditions. Similarly, in the
bearing under preload conditions, the stiffness decreases more obviously after the speed
reaches about 3000 rpm, while even more obviously in heavy preload conditions, when
the axial stiffness only shows a significant decreasing trend, after the speed reaches about
4000 rpm. The investigation of the axial stiffness of bearings, at various degrees of inner and
outer ring tilting, reveals that bearing mounting quality has only a minor impact on axial
stiffness, as well as confirms the efficacy and significance of bearing preload in enhancing
bearing stiffness.
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dation for subsequent bearing service performance accuracy. 
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about 2~2.5%. The bearing spacer tilt orientation, generated by this common difference, 

Figure 7. Variation of axial bearing stiffness Kxx in relation to speed.

Figure 8 shows how the bearing’s horizontal radial stiffness varies, with relation to
preload force, at various tilting angles, while systematically represented in four operating
conditions: extremely light preload, light preload, medium preload and heavy preload.
The radial stiffness of the bearing exhibits the same regularity as the axial stiffness, while
the influence of the preload on the radial stiffness is also significant. At a higher preload,
the bearing stiffness becomes more resistant to the “softening phenomenon”, as the speed
increases, whereas the radial stiffness is an order of magnitude higher than the axial
stiffness. It should be noted that changing the bearing’s inner and outer ring tilt has a
significantly greater impact on radial stiffness, i.e., under different preload circumstances,
the bearing’s radial stiffness increases with a tilt angle of roughly 2.5% to 3%. This probably
occurs due to the bearing inner and outer ring tilt orientation (see Figure 1 for a schematic
depiction). As a result, a thorough understanding of the tilt angle’s influence on the radial
stiffness, as well as the general and specific laws of bearing stiffness, is critical, not only for
accurate bearing stiffness exploration, but also for providing a solid theoretical foundation
for subsequent bearing service performance accuracy.

Similar to Figures 8 and 9 shows how the bearing’s vertical radial stiffness varies
with relation to preload force, at different tilting angles, represented consistently under
four operating conditions: EL, L, M and H. It is proven that the vertical radial stiffness
of the bearing shows almost the same regularity as the horizontal radial stiffness, while
the difference is reflected in a closer local view, where the horizontal radial stiffness of the
bearing appears slightly increased, in an analogy to the increase of the inner and outer ring
tilt. In regards to the vertical radial stiffness, the exact opposite relationship holds; that is,
the vertical radial stiffness of the bearing decreases with the increase of the tilt angle, at
about 2~2.5%. The bearing spacer tilt orientation, generated by this common difference,
tilts the bearing about the horizontal axis, according to the analysis. In order to accurately
describe the law of tilt angle influence on bearing radial stiffness, besides the bearing tilt
angle changes, the bearing tilt process of relative azimuth changes should be considered in
a comprehensive analysis, which will provide results that are more in line with the actual
engineering reality, while also more accurate.
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Figures 7–9 illustrate the three directions of the bearing plain stiffness change law.
Since angular contact ball bearings also have an angular stiffness, an in-depth analysis
should explore whether the bearing inner and outer ring relative tilt will have what effect
on the angular stiffness and whether it is still similar to the plain stiffness change law, so as
to accurately grasp the overall stiffness change mechanism.

Figure 10 shows that, the angular stiffness of the bearing changes in a similar way
to the flatness of the bearing. From a macroscopic perspective, bearing speed and initial
preload are the most important factors in determining bearing stiffness. Furthermore,
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angular stiffness and plain stiffness decrease as frequency increases, and they rise as
preload decreases. The fact that the tilt angle of the inner and outer rings vary around the z
axis, makes the angular stiffness of the bearing changes, with relation to the tilt angle of the
inner and outer rings, a little more visible (Figure 1), so the angular stiffness Kθy decreases
as the tilt angle increases.

Lubricants 2022, 10, 116 11 of 16 
 

 

should explore whether the bearing inner and outer ring relative tilt will have what effect 
on the angular stiffness and whether it is still similar to the plain stiffness change law, so 
as to accurately grasp the overall stiffness change mechanism. 

Figure 10 shows that, the angular stiffness of the bearing changes in a similar way to 
the flatness of the bearing. From a macroscopic perspective, bearing speed and initial pre-
load are the most important factors in determining bearing stiffness. Furthermore, angular 
stiffness and plain stiffness decrease as frequency increases, and they rise as preload de-
creases. The fact that the tilt angle of the inner and outer rings vary around the z axis, 
makes the angular stiffness of the bearing changes, with relation to the tilt angle of the 
inner and outer rings, a little more visible (Figure 1), so the angular stiffness Kθy decreases 
as the tilt angle increases. 

 
Figure 10. Variation of angular bearing stiffness Kθy with relation to speed. 

Based on Figure 11, the angular stiffness Kθz variation characteristics with relation to 
speed are almost identical to the respective angular stiffness Kθy variation characteristics, 
whereas minor differences are only reflected in the local view enlargements; however, the 
effect of the bearing tilt angle is evident in this difference in variation. A comparison of 
the local enlargements in Figure 8 shows that the angular stiffness Kθy tends to decrease 
as the angle of inclination increases, while the angular stiffness Kθz tends to increase as the 
angle of inclination increases, while the greater the preload the more significant the dif-
ference is. 

Throughout the bearing stiffness curve with relation to speed and the preload force 
change law, it was discovered that the bearing’s initial preload force, working speed and 
stiffness performance play dominant roles. However, the bearing inner and outer ring tilt 
angle, as well as the bearing stiffness in all directions show a significant correlation and a 
significant regularity difference. Although this variability may have a minor effect on the 
performance of rough machining spindles, it cannot be overlooked in precision machining 
spindles. Consequently, while mounting spindle bearings, special attention should be 
paid to the quality of the installation, ensuring that their stiffness characteristics and even 
the service performance of the spindle system are carefully controlled. 

Due to the numerous elements affecting bearing stiffness fluctuation, a study focused 
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Based on Figure 11, the angular stiffness Kθz variation characteristics with relation to
speed are almost identical to the respective angular stiffness Kθy variation characteristics,
whereas minor differences are only reflected in the local view enlargements; however, the
effect of the bearing tilt angle is evident in this difference in variation. A comparison of the
local enlargements in Figure 8 shows that the angular stiffness Kθy tends to decrease as the
angle of inclination increases, while the angular stiffness Kθz tends to increase as the angle
of inclination increases, while the greater the preload the more significant the difference is.

Throughout the bearing stiffness curve with relation to speed and the preload force
change law, it was discovered that the bearing’s initial preload force, working speed and
stiffness performance play dominant roles. However, the bearing inner and outer ring tilt
angle, as well as the bearing stiffness in all directions show a significant correlation and a
significant regularity difference. Although this variability may have a minor effect on the
performance of rough machining spindles, it cannot be overlooked in precision machining
spindles. Consequently, while mounting spindle bearings, special attention should be paid
to the quality of the installation, ensuring that their stiffness characteristics and even the
service performance of the spindle system are carefully controlled.

Due to the numerous elements affecting bearing stiffness fluctuation, a study focused
just on the total stiffness under these five tilting scenarios would still yield traditional
regularity results. Thus, the bearing stiffness influence must be decomposed into the local
area of each rolling element and raceway contact, i.e., the overall rigidity. The bearing’s
performance is determined by the specific rolling element, while the stiffness of the inner
and outer ring raceways follow a certain law combination, which requires a more complete
examination of the local contact unit area.
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4.3. Analysis of Bearing Stiffness Variability in All Directions

The bearing stiffness in all directions was studied, as well as bearing speed, preload,
inner and outer ring tilt working circumstances, which derived that the bearing stiffness
is predominantly represented in the radial stiffness. This paper further analyses the inner
contact angle αii, outer contact angle αoo, inner ring contact force Qi and outer ring contact
force Qo of the rolling element, in addition to the raceway in the local area of the bearing,
carrying out numerical research on the internal contact mechanical properties of the bearing.
Since the general law of the bearing is the same for different preload values, only the
medium preload condition, which is typically employed in engineering, is selected as a
representative case for the specific analysis, whereas the variation of the bearing’s internal
contact characteristics is also investigated.

The characteristics of the 7014C bearing, under the influence of the inner and outer
ring tilt rolling inner contact angle change, are shown in Figure 12. The inner contact angle
gradually increases, as the speed rises, which is mostly due to the bearing’s centrifugal
force gradually increasing along the speed rise. At a constant speed, the analysis of the
curve can provide certain results. Specifically, when the bearing inner and outer ring tilt is
0, each ball contact angle is a constant value (the impact of the bearing rolling body own
weight is not considered). When the inner and outer rings show a certain tilt, the contact
angle is then changed and some rolling body at the contact angle increased and some
become smaller, while with the bearing inner and outer ring tilt degree of intensification,
the difference of inner contact angle on individual balls is also increased. As the contact
angle variations will affect the bearing performance, these will inevitably have a certain
impact on the overall bearing rigidity.

Figure 13 shows the characteristics of the 7014C shaft at four different speed values,
demonstrating the effect of the inner and outer ring tilt on the rolling element’s outer
contact angle. It becomes evident that the outer contact angle of the bearing decreases
as the speed increases; a phenomenon due to the centrifugal effect, caused by the speed
change. Moreover, the difference between the outer contact angles of each rolling element
shows an obvious tendency.
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In Figure 14, the variation of the local contact force, between the rolling element and
raceway of the inner ring of the bearing, is depicted. It can be seen that when the bearing
speed increases, the inner ring local maximum contact force changes with the inner ring
contact angle, while with the increase of speed the inner ring maximum local contact force
significantly decreases. The main reason is that the contact angle increases along with
the speed, which reduces the maximum local contact force. Under the same speed, the
maximum local contact force changes more significantly with the increase of the inner and
outer ring tilt angle. This indicates that when the tilt amount increases, the impact on the
internal contact parameters of the bearing is more significant, intensifying the uneven load
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on the contact area of each rolling element of the bearing, whereas the unevenly distributed
contact force on the circumferential radial is one of the reasons for the non-uniformity of
the radial stiffness of the bearing, which may have a great impact on the accuracy and even
the service life of the bearing.
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Figure 14. 7014C bearing rolling body and raceway internal contact force Qi.

Figure 15 illustrates the variation pattern of the bearing outer ring contact force. It can
be seen that, the bearing outer ring contact force exhibits a similar pattern to the bearing
inner ring contact force. The difference lies in the speed rise causing the contact force on
the outer ring of the bearing to increase. The change is still related to the increasing speed,
caused by the effect of centrifugal force. At a certain speed, the outer ring local contact force
changes. This means that the contact force on the outer ring of the bearing is non-uniform,
along the circumferential direction, while this non-uniformity increases with the amount
of skew.
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5. Conclusions

In view of the common problems of bearing mounting in actual working conditions,
the bad assembly state is simplified and represented by the relative tilting of the bearing
spacer. Then, the influence of bearing preload, rotation speed and tilting of the spacer
on the stiffness, along all directions, is examined the bearing stiffness (radial, axial and
angular) is comparatively discussed under different assembly conditions, as well as the
bearing preload and rotation speed. The main conclusions of this paper are as follows:

• Bearing inner and outer ring tilt angle has a greater impact on bearing radial stiffness
than on axial stiffness.

• The inner and outer rings of the bearing changes lead to variations of the inner ring
contact load, revealing the reasons for the bearing’s anisotropic stiffness.

• Among the three influence factors of bearing preload, rotational speed and spacer
inclination, although the inclination has the smallest influence on the macroscopic
stiffness of the bearing, it will cause uneven radial stiffness of the bearing, which is
very important for a precision spindle.

• Moreover, the anisotropy of radial stiffness, caused by the inclination of the bearing
spacer, will be verified through experiments in the follow-up research. In the future,
the study on the precision spindle system stiffness, induced by bearing anisotropy of
radial stiffness, will be exhaustive.
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Abstract: The geometric homogeneity of rollers, namely the dimension and shape deviations among

rollers in a roller bearing, is one of the most important manufacturing errors. However, to the best of

the authors’ knowledge, no specified investigation has been carried out on the effects of the geometric

homogeneity of rollers on the friction torque of tapered roller bearings (TRBs). By introducing the

diameter deviation of rollers and the distribution form of rollers with a diameter deviation, this

study presents a mathematic model to reveal the effects of the geometric homogeneity of rollers

on the friction torque of TRBs. The geometric homogeneity of the rollers, although having only a

minimal influence on the overall friction torque acting on rings, can lead to a significant increase

in the slide friction force between the individual rollers and the inner raceway. By comparing the

distribution form of rollers with a diameter deviation, the diameter deviation value of the roller shows

a significant influence on the maximum sliding friction between the roller and the inner raceway. The

impact of the geometric homogeneity of rollers on the sliding friction between the roller and the inner

raceway is more pronounced under light load conditions. The above-mentioned comparisons and

conclusions can be used in formulating machining error criteria for TRB rollers.

Keywords: geometric homogeneity of rollers; tapered roller bearings; friction torque; contact

force distribution

1. Introduction

Tapered roller bearings (TRBs) are generally used in heavy equipment such as wind
power generators and high-speed trains. The operating temperature and limited rotating
speed of the machinery are determined by the friction torques of their interior TRBs [1].
Thus, the behavior of the friction torque on TRBs of high-speed industrial machinery has
continually attracted the attention of researchers and field engineers in the last few decades.

Throughout the years of development and investigation, efforts have been made
in theoretical and experimental analyses to calculate TRBs’ friction torque. Witte [2]
analyzed the friction between each roller and raceway and presented an analytical model
to calculate the friction torque of TRBs. However, the model did not consider the mixed
lubrication state between bearing components. Consequently, the simulated results of
the starting torque of TRBs showed a non-negligible error. With the development of
elastohydrodynamic lubrication (EHL) theory, Karna [3] and Aihara [4] further modified
and perfected the friction torque model of TRBs to meet engineering accuracy requirements.
Zhou [5] explored a novel friction torque model to analyze the influences of a starved
condition and a contaminant on the friction torques of TRBs. The Svenska Kullager Fabriken
(SKF) Group [6] proposed a concise empirical formulation for predicting the friction torques
of the TRBs based on the experimental results.

Despite numerous previous studies focusing on analyzing the friction torque of TRBs
with the designed geometric dimensions, in practical engineering applications, manufac-
turing errors are unavoidable, which can affect the contact state between mating bearing
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components [7–10] and thus the friction torque of TRBs. Aschenbrenner [11] presented a
variational simulation framework for the analysis of the load distribution of cylindrical
roller bearings with component geometric deviations, providing a basis for investigat-
ing the frictional torque of tapered roller bearings with component geometric deviations.
Deng [12] developed a theoretical method to investigate the effects of the surface waviness
of bearing components on the friction torque of ball bearings. Heras [13] proposed a finite
element model to calculate the friction torque of four contact point slewing bearings and
analyzed the effects of raceway geometric errors on bearing friction torque. Halminen [14]
and Xu [15] established a multibody model of ball bearings involving the surface wavi-
ness of the components. In their study, the impact of surface waviness on the dynamic
performance of ball bearings was explored. Liu [16] utilized a time-varying calculation
method to estimate the friction moments of angular contact ball bearings and analyzed
the effects of the waviness amplitude and order on bearing friction torque under different
operating conditions. Liu [17] analyzed the effects of roundness errors on the friction torque
of bearings and found that both the magnitude and order of the roundness error have a
significant impact on the bearing friction torque.

In addition to raceway machining errors, the geometric homogeneity of rollers, namely
the dimension deviations between each roller, also plays a significant role in the evalua-
tion of manufacturing errors in roller bearings [18,19]. Similar to a localized defect, the
geometric homogeneity of rollers first affects the contact state between the roller and the
raceway [20,21], thereby changing the overall bearing performance. However, the effects of
the geometric homogeneity of rollers on the friction torque of TRBs are rarely reported in
the literature. It is therefore timely to present this research to fill the knowledge gap.

In this paper, a quasi-statics model and a friction torque model for TRBs concerning the
geometric homogeneity of rollers have been proposed, in which the geometric homogeneity
of rollers was represented by the diameter deviation value of rollers and the distribution
form of rollers with a diameter deviation. Based on the proposed models, the effects
of the geometric homogeneity of rollers on the contact force distribution and friction
characteristics of TRBs have been analyzed under different axial external loads, rotating
speeds, and cage slip rates.

2. Materials and Methods

2.1. Quasi-Statics Analysis of TRB Considering the Geometric Homogeneity of Rollers

In order to estimate TRB friction torque accurately, the contact forces between each
roller and raceway should be obtained in advance. As shown in Figure 1a, when the
inner ring is constrained by displacement, an external load {F}T = {Fx, Fy, Fz} acting on the
outer ring causes the corresponding displacement of the outer ring {d}T = {dx, dy, dz}. As
presented in Figure 1b, for the cross-section at the jth roller with the location angle ϕj, the
displacement of the outer ring along the rj-axis and z-axis can be represented as:

{
drj = dx cos ϕj + dy sin ϕj

dzj = dz
(1)

The displacement of the outer ring at the jth roller {dj}
T = {drj, dzj} determines the

contact deformations of the jth roller-raceways and jth roller-flange {δj}
T = {δij, δej, δfj}, as

well as the contact forces acting on the jth roller {Qj}
T = {Qej, Qij, Qfj}. Here, the subscripts

i, e, and f denote the inner raceway, outer raceway, and flange, respectively. The above
contact deformation process and contact forces can be represented as [22]:





δij = Xrj cos αi + Xzj sin αi

δej = (drj − Xrj) cos αe + (dzj − Xzj) sin αe

δ f j = (drj − Xrj) cos α f + (dzj − Xzj) sin α f

(2)
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{
Qa = Kaδ10/9

a , a = i, e

Q f = K f δ3/2
f

(3)

where Xrj, Xzj indicate the displacement of the jth roller along the rj-axis and z-axis, re-
spectively; αi, αe, αf indicate the contact angles of the roller-inner raceway, roller-outer
raceway, and roller-flange, respectively; δa, δf indicate the contact deformations of the
roller-raceways and roller-flange, respectively; Ka, Kf indicate the load-deformation factors
of the roller-raceways and roller-flange, respectively, which depend on the material and
geometry at the contact.
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Figure 1. The displacement of the outer ring under the external load: (a) a global view of TRBs; (b) a

cross-section at the jth roller.

Since the surface topography deviation of rollers is ignored in this study, the geometric
homogeneity of rollers can be simplified as the diameter dimension deviation of rollers.
When the diameter dimension deviation occurs on rollers, the contact force between the
roller and its mating components will be changed. As a result, Equation (3) should be
modified based on Taylor’s series as

{
Qa = Kaδ10/9

a + 10Ka
9 δ1/9

a
∆D cos ε

2 a = i, e

Q f = K f δ3/2
f

(4)

where ∆D is the diameter deviation value of the roller; ε is the half roller angle.
As shown in Figure 2, from the force equilibrium with respect to the ξ and ζ axes, the

roller equilibrium equations are established considering the centrifugal force as Equation (4).
Equations (2), (4) and (5) describe a local equilibrium system that can be solved by numeri-
cal methods to obtain the contact forces acting on the jth roller {Qj}

T = {Qej, Qij, Qfj} under a

certain displacement of the outer ring at the jth roller {dj}
T = {drj, dzj}.

{
(Qi −Qe) cos ε + Q f sin µ + Fc cos κ = 0

(Qi + Qe) sin ε + Q f cos µ− Fc sin κ = 0
(5)

where Fc is the roller centrifugal force; κ is the angle between the roller center line and
TRB center line; and β is the angle between the roller center line and the roller-flange
contact line.
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Figure 2. Contact forces acting on the roller.

The global equilibrium system of external loads acting on the outer ring and the
contact forces of the roller-outer raceway can be represented as





Z

∑
j=1

Qej cos αe cos ϕj + Fx = 0

Z

∑
j=1

Qej cos αe sin ϕj + Fy = 0

Z

∑
j=1

Qej sin αe + Fz = 0

(6)

By giving a certain external load, {F}T = {Fx, Fy, Fz}, the unknown contact forces of
each roller can be obtained from the coupled solution of the global equilibrium system
and the local equilibrium system, which is usually called the quasi-statics analysis of TRB.
The detailed calculation procedure for the above coupled solution is shown in Figure 3.
Since the global equilibrium equations and local equilibrium equations are nonlinear, the
iterative Newton–Raphson method is adopted in this study.
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Figure 3. The coupled solution procedure of the global equilibrium system and the local equilib-

rium system.
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2.2. Friction Torque Analysis of TRBs Considering the Geometric Homogeneity of Rollers

The friction in TRBs is mainly composed of the rolling friction between the roller and
raceways Fro, the sliding friction between the roller and raceways Frs and the sliding friction
between the roller and flange Ffs. According to theoretical analyses and experimental
studies, the above components of friction in TRBs can be represented as in [23]:

Fro =
0.88× 102

α0
(GU)0.658W0.31Rlw (7)

Frs = 0.168vsη0lw IU−0.74G−0.4W0.2R−1 (8)

Ff s = Q f µ0e−1.8Λ1.2
r (9)

where α0 is the viscosity-pressure coefficient; G, U, and W are the dimensionless material
parameter, the dimensionless velocity parameter, and the dimensionless load parameter,
respectively [24]; R is the equivalent radius between the roller and raceway; lw is the
effective contact length between the roller and raceway; vs is the slide speed between
the roller and raceway; I is the integrals used to describe the tractive effect; η0 is the
viscosity at atmospheric pressure; µ0 is the Coulomb friction coefficient; and Λr is the oil
film parameter.

According to an ideal Hertz line contact pressure distribution, the integrals of tractive
effect I can be approximated as in [5]:

I =

b∫

0

exp
{
(ln η0 + 9.67)[(1 + 5.1× 10−9p)̂0.601− 1]

}
dx (10)

where b is the semi-width of the Hertz line contact; and p is the contact pressure.
Based on the above analyses, the total friction torque acting on the outer ring Mer and

that acting on the inner ring Mir can be represented as

Mer =
z

∑
j=1

(Fro,ej − Frs,ej)Re (11)

Mir =
z

∑
j=1

[
(Fro,ij + Frs,ij)Ri + Ff s, f j(Ri + er)

]
(12)

where Re, Ri are the radius of the roller-outer raceway contact point and the radius of
the roller-inner raceway contact point on the roller mean diameter, respectively; and er

is the height of the roller end and flange contact. Here the subscripts ej, ij, and fj denote
the roller-outer raceway contact, roller-inner raceway contact, and roller-flange contact,
respectively.

As shown in Equation (8), in addition to the contact force, the sliding friction between
the roller and raceway Frs is also affected by the sliding speed between the roller and
raceway vs. The kinematic relationships of the bearing components are assumed to follow
the outer raceway control hypothesis [25,26] in this article; therefore, the sliding speed
between the roller and raceways can be represented as:

{
vse = 0

vsi = ωiRiSc
(13)

where Sc is the cage slip rate; and ωi is the angular velocity of the inner ring.

2.3. Geometrical and Material Parameters

Based on the theoretical analyses described above, the friction torque of TRBs consid-
ering the geometric homogeneity of rollers is analyzed and discussed in this section. Take
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TRB 30228J as an example to construct the corresponding analysis model, and its geometric
characteristics are given in Table 1.

Table 1. The geometric and material properties of TRB 32008J.

Geometrical Characteristics Value

Small diameter of taper roller (mm) 6.131
Large diameter of taper roller (mm) 6.846
Length of roller (mm) 13.66
Number of rollers 23
Outer raceway angle (rad) 0.2473
Inner raceway angle (rad) 0.1949
Roller angle (rad) 0.0262
Flange angle (rad) 1.5621

Elasticity modulus (N/mm2) 2.1 × 105

Poisson’s ratio 0.278

To simulate the geometric homogeneity of rollers caused by machining, the diameter
deviation value of roller ∆D is assumed to be a standard Gaussian distribution and can be
represented as

f (
∆D

Sd
) =

1√
2π

exp

(
−(∆D

Sd
)

2

/2

)
(14)

where Sd is the deviation magnitude determined by the roller diameter and the machin-
ing methods.

Multiple series of ∆D were generated according to the above distribution characteris-
tics, which consider different deviation magnitudes and distribution forms of the rollers
with diameter deviations (random distribution and distribution in descending order of
deviation value). As shown in Table 2, Series 1 corresponds to an Sd value of 0.5 µm and
random distribution, Series 2 corresponds to an Sd value of 0.5 µm and distribution in
descending order of deviation value, Series 3 corresponds to an Sd value of 1 µm and
random distribution, Series 4 corresponds to an Sd value of 1 µm and distribution in
descending order of deviation value, Series 5 corresponds to an Sd value of 1.5 µm and
random distribution, and Series 6 corresponds to an Sd value of 1.5 µm and distribution in
descending order of deviation value.

Table 2. The generating data of diameter deviation value ∆D.

Roller Number 1 2 3 4 5 6 7 8

∆D
(µm)

Series 1 0.28 0.52 −0.56 0.63 0.33 −0.03 −0.10 −0.11
Series 2 0.76 0.63 0.52 0.47 0.41 0.33 0.31 0.28
Series 3 0.55 1.04 −1.12 1.26 0.66 −0.07 −0.20 −0.22
Series 4 1.53 1.26 1.04 0.95 0.83 0.66 0.63 0.55
Series 5 0.83 1.56 −1.68 1.89 0.99 −0.10 −0.29 −0.33
Series 6 2.29 1.89 1.56 1.42 1.24 0.99 0.94 0.83

Roller Number 9 10 11 12 13 14 15 16

∆D
(µm)

Series 1 −0.15 0.01 0.03 0.41 0.76 0.23 −0.10 0.31
Series 2 0.26 0.23 0.15 0.13 0.09 0.07 0.03 0.01
Series 3 −0.30 0.02 0.05 0.83 1.53 0.47 −0.21 0.63
Series 4 0.52 0.47 0.31 0.26 0.18 0.14 0.05 0.02
Series 5 −0.45 0.03 0.08 1.24 2.29 0.70 −0.31 0.94
Series 6 0.77 0.70 0.46 0.39 0.27 0.20 0.08 0.03

Roller Number 17 18 19 20 21 22 23

∆D
(µm)

Series 1 0.09 −0.51 0.47 0.15 0.07 0.26 0.13
Series 2 −0.03 −0.10 −0.10 −0.11 −0.15 −0.51 −0.56
Series 3 0.18 −1.03 0.95 0.31 0.14 0.52 0.26
Series 4 −0.07 −0.20 −0.21 −0.22 −0.30 −1.03 −1.12
Series 5 0.27 −1.54 1.42 0.46 0.20 0.77 0.39
Series 6 −0.10 −0.29 −0.31 −0.33 −0.45 −1.54 −1.68

192



Lubricants 2022, 10, 154

3. Results and Discussions

3.1. Effects of the Geometric Homogeneity of Rollers on Contact Force Distribution

According to the diameter deviation values of the rollers shown in Table 2, the inter-
nal contact force distribution of TRBs considering the geometric homogeneity of rollers
is analyzed.

The contact force between each roller and the outer raceway is shown in Figure 4, in
which the axial external load is 10 kN and the bearing rotating speed is 1000 rpm. In this
figure, the contact force distribution of a TRB with an ideal roller diameter was used as a
benchmark to reflect the effects of the geometric homogeneity of rollers. Changes in the
diameter deviations of the rollers, whether positive or negative, will cause correspond-
ing changes in the contact force between the roller and the outer raceway. Comparing
Figure 4a,b, it can be seen that the distribution form of rollers with a diameter deviation
also affects the internal contact force distribution of the TRB. It should be noted that the
centrifugal force of rollers is much smaller than the roller-raceway contact force in the
limited speed range of the TRBs; therefore, the influence of the bearings’ rotating speeds on
the contact force distribution is not further analyzed [20].
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Figure 4. Effects of the geometric homogeneity of rollers on contact force distribution of TRBs:

(a) Rollers with a diameter deviation are randomly distributed; (b) Rollers with a diameter deviation

are distributed by deviation size; (c) Schematic diagram of the position angle of the jth roller.

According to the analysis results shown in Figure 4, the maximum value and the
variance of contact forces are extracted and shown in Table 3. Comparing the maximum
value and the variance of contact force corresponding to different series, it can be found
that the maximum contact force is mainly determined by the diameter deviation value of
the roller. However, both the diameter deviation value of the roller and the distribution
form of rollers with a diameter deviation will have a significant effect on the uniformity of
contact force distribution (reflected by variance values).

Table 3. Maximum contact force and variance of contact force.

Series 1 Series 2 Series 3 Series 4 Series 5 Series 6

Maximum value (kN) 2.026 2.013 2.280 2.253 2.539 2.495

Variance (kN2) 0.0162 0.0096 0.0645 0.0383 0.1441 0.0856
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3.2. Effects of the Geometric Homogeneity of Rollers on Friction Force and Torque

According to the contact force distribution and Equations (11) and (12), we can obtain
the friction torque acting on the outer ring and inner ring. The friction torque acting on the
inner = and outer rings is shown in Figure 5, in which the axial external load is 10 kN and
the rollers have an ideal diameter.
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Figure 5. Friction torque acting on rings as a function of cage slip rate.

Based on the outer raceway control hypothesis, the friction torque acting on the
outer ring only involves the rolling friction between the rollers and the raceway; however,
the friction torque acting on the inner ring involves the rolling friction and sliding friction
between the rollers and the raceway as well as the slide friction between the rollers and
the flange. Therefore, the cage slip rate, which determines the slide speed between the
rollers and the raceway, only has a significant effect on the friction torque acting on
the inner ring as shown in Figure 5. In addition, as the TRBs’ rotating speed increases,
the lubrication state between the rollers and the flange changes from mixed lubrication
to full-film lubrication, which leads to an initial decrease in the friction torque acting
on the inner ring. The variation trends in friction torque obtained from the proposed
model are consistent with those in the literature [4,5], thus validating the rationality of
the proposed model.

The effects of the geometric homogeneity of rollers on friction torque acting on the
rings are shown in Figure 6, in which the axial external load is 10 kN and the cage slip rate
is 0.01%. As shown in Figure 6, the geometric homogeneity of rollers causes a decrease
in the friction torque acting on the rings. Compared to the distribution form of the
rollers with a diameter deviation, the diameter deviation value of the roller has a greater
influence on the friction torque acting on the rings. When the TRBs’ rotating speed is low,
the roller-flange is in a mixed lubrication state, which causes the percentage change in
the friction torque acting on the inner ring to be affected by the TRBs’ rotating speed, as
shown in Figure 6a. After the roller-flange lubrication enters the full oil film lubrication
state, the percentage change in the friction torque tends to be constant. Since the friction
torque acting on the outer ring only involves the rolling friction between the rollers
and the raceway, the percentage change in the friction torque acting on the outer ring
is not affected by the changes in the lubrication state between the roller and the flange.
It should be noted that the above friction torque c reduction caused by the geometric
homogeneity of rollers is very small at only a 10−2% order of magnitude, which means

194



Lubricants 2022, 10, 154

that the geometric homogeneity of rollers will not have a significant influence on the
overall energy loss or heat generation of TRBs.

                   
 

 

                                 
                           

            −                   ‐
                               

     

 

   
(a)  (b) 

                                ‐
                         

                    ‐
                         
                         
                               
                              ‐
                            ‐
                               
             

                           
                           

                           
                           
                           

             

Series 1

Series 2

Series 3

Series 4

Series 5

Series 6

P
er

ce
n
ta

g
e 

C
h
an

g
e 

o
f 

F
ri

ct
io

n
 T

o
rq

u
e 

(1
0

-2
%

)
P

er
ce

n
ta

g
e 

C
h
an

g
e 

o
f 

F
ri

ct
io

n
 T

o
rq

u
e 

 (
1
0
−2

 %
)

−0.7

−0.6

−0.5

−0.4

−0.3

−0.2

−0.1

0

Full film lubrication 

between roller and flange 

P
er

ce
n

ta
g

e 
C

h
an

g
e 

o
f 

F
ri

ct
io

n
 T

o
rq

u
e 

(1
0

-2
%

)
P

er
ce

n
ta

g
e 

C
h
an

g
e 

o
f 

F
ri

ct
io

n
 T

o
rq

u
e
  
(1

0
−2

 %
)

−0.7

−0.6

−0.5

−0.4

−0.3

−0.2

−0.1

0

Figure 6. Effects of the geometric homogeneity of rollers on friction torque acting on rings: (a) Friction

torque acting on inner ring; (b) Friction torque acting on outer ring.

Excessive sliding friction between individual rollers and raceways may induce exces-
sive localized high temperatures inside the TRBs. The maximum increment in the slide
friction between the roller and inner raceway caused by the geometric homogeneity of
rollers (occurring at the roller with the greatest contact force) is shown in Figure 7. As
shown in Figure 7a, the diameter deviation value of the roller results in a significant increase
in the sliding friction between the roller and the inner raceway, whereas the distribution
form of the rollers with a diameter deviation has little influence on the slide friction between
the roller and the inner raceway.

  

(a) (b) 

The maximum
increase ratio is 6.8%

The maximum
increase ratio is 6.8%

The maximum
increase ratio is 19.4%

Series 1
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Figure 7. Cont.
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Figure 7. Effects of geometric homogeneity of rollers on roller-inner raceway maximum sliding

friction force: (a) Axial external load is 10 kN and cage slip rate is 0.01%; (b) Axial external load is

10 kN and cage slip rate is 0.05%; (c) Axial external load is 2 kN and cage slip rate is 0.05%.

Comparing Figure 7a,b, it can be seen that the increments in the sliding friction caused
by the geometric homogeneity of rollers increase as the cage slip rate increases, but the
corresponding increase in the ratio remains constant. In addition, as shown in Figure 7b,c,
the increments in the sliding friction caused by the geometric homogeneity of rollers and
the corresponding increase in the ratio increase when the axial external load increases from
2 kN to 10 kN.

4. Conclusions

In this paper, a quasi-statics model and a friction torque model for TRBs considering
the geometric homogeneity of rollers were proposed, and the effects of the geometric
homogeneity of rollers on the contact force distribution and friction torque of TRBs are
analyzed thoroughly. In the proposed model, the diameter deviation value of rollers and
the distribution form of rollers with a diameter deviation were fully considered to improve
the accuracy of the model. From the results, the following conclusions have been obtained.

Both the diameter deviation value of the roller and the distribution form of rollers with
a diameter deviation have a significant effect on the uniformity of contact force distribution
and the maximum contact force. The geometric homogeneity of the rollers, although
having only a minimal influence on the overall friction torque acting on the rings, can lead
to a significant increase in the slide friction force between the individual rollers and the
inner raceway. Compared to the distribution form of rollers with a diameter deviation,
the diameter deviation value of the roller has a greater influence on the maximum sliding
friction between the roller and the inner raceway. As the cage slip rate increases, the
slide friction force increment caused by the geometric homogeneity of the rollers will
obviously increase. The effects of the geometric homogeneity of rollers on the sliding
friction between the roller and the inner raceway are more pronounced under light axial
external load conditions.

This paper provides a mathematical model for the friction characteristic analysis for
TRBs considering the geometric homogeneity of rollers as well as a theoretical basis for
formulating machining error criteria for TRB rollers. It should be noted that although this
paper only analyzes the case of pure axial loading, the proposed model is also applicable to
the case of axial and radial combined loading. Under axial and radial combined loading,
there are load-bearing and non-load-bearing areas inside the TRBs. Therefore, the contact
load of the individual roller is significantly affected by its position angle at some point in the
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TRBs’ operation. To make the analysis more reasonable, for TRBs under radial loading and
combined loading, the friction torque analysis should consider the time-varying angular
position of rollers.
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Abstract: Compared with metal ball bearings, full ceramic ball bearings have more outstanding

service performance under extreme working conditions. In order to reveal the lubrication mechanism

and improve the operation performance and service life of full ceramic ball bearings, in this paper,

the friction, vibration, and temperature rise characteristics of 6208 silicon nitride full ceramic deep

groove ball bearing, under the condition of oil lubrication, are studied experimentally. Based on

the test results, and through theoretical calculation and simulation analysis, the distribution of the

lubricating oil film in bearing contact micro-zone under different working conditions was simulated.

After that, the surface of contact micro-zone of full ceramic ball bearing was analyzed. It was found

that there is an optimal oil supply for full ceramic ball bearing oil lubrication in service. Under the

optimal oil supply lubrication, full film lubrication can be achieved, and the bearing exhibits the best

characteristics of friction, vibration, and temperature rise. Compared with the load, the rotational

speed of the bearing has a decisive influence on the optimal oil supply. When the rotational speed

and load are constant, the minimum oil film thickness and oil film pressure in the contact area of

the rolling body decrease with the increase of angle ψ from the minimum stress point of the rolling

body. Under the action of high contact stress, thin oil film will be formed in the bearing outer ring

raceway. In the field of full ceramic ball bearings, the research content of this paper is innovative. The

research results of this paper have an important guiding significance for revealing the oil lubrication

mechanism of full ceramic ball bearing and enriching its lubrication theory and methods.

Keywords: full ceramic ball bearing; lubricant oil film; service performance; simulation model

1. Introduction

Full ceramic ball bearings refer to high-tech bearing products whose rings and rolling
bodies are made of ceramic materials. It has excellent performance at high speed, compres-
sion resistance, high/low temperature resistance, wear resistance, corrosion resistance, and
electromagnetic insulation, as well as other aspects, and can be widely used in aerospace,
navigation, metallurgy, chemical and national defense, and military fields [1–3]. A good
lubrication state is the prerequisite for the normal operation of full ceramic ball bearings.
It is also an important factor affecting the performance of the bearings, such as friction,
vibration, and temperature rise under complex working conditions [4]. At present, based
on the lubrication theory of metal ball bearing, experts and scholars at home and abroad
have carried out relevant research on the operation performance of ceramic ball bearings
under oil lubrication conditions.
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Meyer L. D [5] studied the analytical method for the continuous and periodic changes
of the ball contact force when the bearing rotates, based on the Lagrange equation for solv-
ing time-varying displacement of the bearing. N. Lynagh [6] established a detailed bearing
vibration model by considering the influence of rolling body surface corrugation and ball
size on radial clearance and deduced the vibration force and torque generated by bearing
movement by using the formula. It provides a great reference for the subsequent research.
Mohammed Alfares [7] studied the influence of heat generation on the performance of ball
bearings during service, as well as the influence of this heat effect on system dynamics,
by using transient thermal model. A set of differential equations was obtained by using
thermal equilibrium. Jalali-vahid D. [8] studied and obtained the multi-stage multi-grid
solution for isothermal elastohydrodynamic circular contact problem. By deploying a
large number of units, the accuracy of the numerical solution is improved. The conclusion
presented in this paper is of great prospective significance and has guiding value for the
analysis of isothermal elastic hydrodynamics. As a pioneer in this field, Dowson D. [9]
conducted a numerical evaluation on the analysis of point contact of isothermal elasto-
hydrodynamic lubrication. In the elastic analysis, the contact area is divided into equal
rectangular areas, and it is assumed that a uniform pressure is applied to each element
to analyze the oil film thickness. This paper also carries out a more detailed study on
this basis. Ioannides, E. [10] put forward an idea a long time ago to study an analytical
model for predicting the life of rolling bearings under the consideration of the fatigue life,
fatigue criterion, and fatigue limit of bearings. The viewpoints proposed at that time were
forward-looking and provided great significance for the research of bearing field. Zhu
Weibing [11] established a calculation model of oil injection lubrication and under-race
lubrication for angular contact ball bearings. The results showed that: when the speed and
load were low, it was more appropriate to use oil injection lubrication. When the speed
and load are high, it is more advantageous to use under-race lubrication. Nagare [12]
experimentally analyzed and investigated the effects of performance parameters, such as
speed, eccentricity, load, and friction torque, on the performance of overloaded low speed
bearings. Liming Lu [13] designed a set of independent devices to explore the impact of
impact load on the lubrication performance of roller sliding bearings. The results showed
that: the greater the impact load frequency, the greater the minimum oil film thickness,
greater the impact load amplitude, and thinner the roller oil film thickness. The sliding
of the rolling element may lead to the failure of the rolling bearing. Kang Jianxiong [14]
considered the interaction between the ball and raceway, interaction between the cage
and raceway, and elastohydrodynamic lubrication and other factors, in order to effectively
analyze the sliding characteristics of the rolling bearing using the dynamic response. Anto-
nio [15] studied the influence of lubricant film thickness on bearing service performance
under hydrodynamic lubrication conditions. Cho [16] improved the Elrod algorithm based
on the mass conservation boundary conditions and obtained the governing equation and
the lubrication equation of the complete oil film region that can automatically determine the
dynamic boundary. Biswas [17] studied the lubrication performance of medium-low speed
bearings under different load conditions, as well as the changes regarding oil film thickness,
oil film pressure, and oil film velocity. Dmitrichenko [18] established the dynamic model
of ball bearings and studied the influence of different distribution models of lubricants
and fluid dynamic pressure on the dynamic characteristics of bearings. Brizmer [19] stud-
ied the mechanism of micro-pitting resistance of hybrid ceramic bearings under reduced
lubrication conditions, thus providing a new idea for tribology and performance of sil-
icon nitride ceramic rolling bearings. Kang Li [20] analyzed the tribological properties
of GCr15-GCr15/Si3N4-GCr15 materials under the condition of oil lubrication by using
pin-disc friction and wear testing machine. Xiang Guo [21] studied and investigated the
dynamic mixed elastohydrodynamic lubrication behavior of water-lubricated bearings
with unbalanced rotors in the starting process.

From the above, it can be seen that most studies were based on metal ball bearings,
only part of the research is suitable for the hybrid ceramic ball bearing. Additionally, a
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small number of reports on the lubrication mechanism and method of full ceramic ball
bearings are only described for the objective phenomena in the lubrication process. The
objective laws and scientific problems behind it have not been further revealed. Therefore,
this paper takes silicon nitride full ceramic ball bearing as the research object and studies its
service performance, regarding friction, vibration, and temperature rise under the condition
of oil lubrication. The effects of lubrication, rotational speed, and load on the performance
of full ceramic ball bearings were revealed by means of experiments, and the optimal oil
supply was determined. Based on the optimal oil supply, the distribution characteristics of
lubricating oil film and its influence on service performance of full ceramic ball bearings
were revealed by means of calculation and simulation. Finally, the surface characteristics of
contact microzone after service of full ceramic ball bearing under oil lubrication condition
were analyzed. The research results have important guiding significance for forming a
lubrication theory and method suitable for full ceramic ball bearing, as well as improving
its service performance and life.

2. Experimental Study on Oil Lubrication Characteristics of Full Ceramic Ball Bearing

2.1. Test Bearings and Components

The test took 6208 silicon nitride full ceramic deep groove ball bearing with P4 accu-
racy as the research object, carried out the service performance test under oil lubrication
condition, and revealed the distribution law of the full ceramic ball bearing lubricating oil
film, as well as its influence mechanism on friction performance. The structure of the test
bearing is shown in Figure 1. The clearance of the test bearing was CN standard clearance,
and the cage guide mode was an outer ring guide. The lubricating oil used in the test was
principal axis oil, with a viscosity value of 30 mm2/s. The material used for the inner and
outer rings and rolling bodies was silicon nitride ceramic, and the powder was produced
by Ube Group in Japan and formed by hot isostatic pressing sintering process. The material
performance test results are shown in Table 1. The structural parameters of the test bearing
are shown in Table 2.

 

Si3N4 rings

PVX cage

Si3N4 balls

(a) (b) 

− ∗
Figure 1. Full ceramic ball bearing for test. (a) Structure diagram (b) Test bearing diagram.

Table 1. Physical properties of Si3N4 for full ceramic ball bearings.

Elastic Modulus
(Gpa)

Poisson
Ratio

Density
(g/cm3)

Thermal
Expansion
Coefficient

(10−6/K)

Thermal
Conductivity

(W/m∗K)

Hardness
(kg/mm2)

300–320 0.26 3.2–3.3 3.1–3.5 20–29 1520–1800
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Table 2. Structure parameters of 6208 full ceramic ball bearings.

Structure Parameters Values

Inner diameter d/mm 40
Outer diameter D/mm 80
Pitch diameter dm/mm 60
Bearing width B/mm 18

Diameter of ball Dw/mm 12
Raceway radius of inner ring ri/mm 6.17
Raceway radius of outer ring re/mm 6.29

Number of rolling elements z 9

The test bearing cage material was carbon dairy produce, PTFE, graphite reinforced
PVX-based composite material, which was produced by Ensinger Group in Berlin, Germany.
The specific properties of the material are shown in Table 3. The experimental verification
and application experience show that the material can be applied to the wide temperature
range of −70–200 ◦C. In addition, the material has the appropriate strength and toughness
to withstand a certain load and impact, small friction coefficient, and good wear resistance.
It also has smaller specific gravity and similar expansion coefficient to the rolling body,
which is suitable for the test project.

Table 3. PVX composite enhanced cage material properties.

Material Properties Values

Modulus of elasticity/MPa 5500–6000
Tensile strength/MPa 84

Flexural strength/MPa 142
Compression strength/MPa 22–102
Compression modulus/MPa 4000

Impact strength/kJm−2 28
Ball indentation hardness/MPa 250
Glass transition temperature/◦C 146

Service temperature/◦C +260–−200

Thermal expansion/10−5 K−1 3–4
Specific heat/J/(g·K) 1.1

Thermal conductivity/W/(K·m) 0.82

2.2. Introduction to the Test Equipment

Figure 2 shows the JH-200E rolling bearing testing machine (Shenyang Jianzhu Uni-
versity, Shenyang, China) and its structure. The testing machine is a horizontal bearing
performance life testing machine, which is mainly composed of bearing test chamber, axial
loading system, radial loading system, test shafting, oil supply system, force sensor, temper-
ature sensor, vibration sensor, and control system. The main test parameters were: the outer
diameter of the test bearing was 30–200 mm, the inner diameter was 10–170 mm, and the
width was 10–30 mm. Oil supply system flow range: 0.001–10 mL/min, and flow control
accuracy was ±0.001 mL/min. The radial loading range of test bearings was 100–30,000 N,
and the axial loading range was 50–10,000 N. The maximum spindle rotational speed was
30,000 r/min.
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Figure 2. Lubrication test of full ceramic ball bearing oil based on JH-200E (Shenyang Jianzhu

University, Shenyang, China).

2.3. Test Scheme Design

The oil lubrication test of the full ceramic ball bearing was carried out at room temper-
ature. The target value is measured by changing the bearing oil supply, bearing radial load,
bearing rotational speed, and other working conditions. The specific experimental process
was as follows. (1) Before the bearing was started, oil was supplied to the test bearing
according to the target set value. (2) Under no-load condition, the test bearing speed was
increased from 0 r/min to the set value of the target speed within 3 min. (3) After the oil
supply and speed of the test bearing were stable, the radial loading of the test bearing
was carried out according to the set value of the target load. (4) After the test lasted for
30 min and the temperature of the test chamber and outer ring of the bearing, vibration
value of the bearing, friction value, and other target measurement values were stable, the
measurement and recording data were started. The test scheme is shown in Table 4.

Table 4. The 6208 full ceramic ball bearing oil lubrication test scheme.

Serial Number Radial Load
Contact Stress

Other Index Parameters
Inner Raceway Outer Raceway

1 400 N 1.65 Gpa 1.54 Gpa
Axial load: 0 N

Test rotation speed: 5000/10,000 rpm
Oil supply: 0.2–2.0 mL/min

2 900 N 2.16 Gpa 2.02 Gpa
3 1750 N 2.70 Gpa 2.52 Gpa
4 3000 N 3.23 Gpa 3.01 Gpa

3. Test Results and Analysis

3.1. Variation Characteristics of Friction

The JH-200E rolling bearing testing machine was used to carry out the full ceramic
ball bearing oil lubrication test. Based on the friction sensor, the friction change of the
full ceramic ball bearing under variable working conditions was measured, as shown
in Figure 3.
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Figure 3. Variation law of friction of full ceramic ball bearing under oil lubrication condition.

(a) n = 5000 r/min, (b) n = 10,000 r/min.

It can be seen from Figure 3 that, when the rotational speed is constant with the
increase of oil supply, the friction value of the full ceramic ball bearing decreases first and
then increases. When the bearing speed was 5000 r/min, the friction force had a minimum
inflection point value in the range of 0.2–2.0 mL/min oil supply, and the value was about
1.2 mL/min oil supply. This indicates that in this particular working condition, when
the oil supply was 1.2 mL/min, the full ceramic ball bearing showed the best friction
characteristics. When the oil supply was less than 1.2 mL/min, the full ceramic ball bearing
was in the state of lack of oil lubrication, and the lubricating oil in the bearing contact
micro-zone had not formed the state of full film lubrication, so the friction force was large.
In this range, with the continuous increase of oil supply, the lubrication state improved,
lubricating oil film gradually thickened, friction decreased, and change trend was very
obvious. When the oil supply was greater than 1.2 mL/min, due to the large amount of
lubricating oil, the excess lubricating oil produced viscous resistance to the operation of the
bearing under the action of viscosity, thus leading to the gradual increase of the friction of
the bearing. However, the influence of oil viscosity resistance on the change of friction was
relatively small, so when the oil supply was greater than the optimal oil supply, and with
the continuous increase of oil supply, the increase trend of friction was relatively moderate.
By comparing Figure 3a,b, it can be seen that the oil supply at the inflection point of friction
of the full ceramic ball bearings increased gradually with the increase of rotational speed.
The change of load had no obvious effect on the oil supply at the inflection point of friction.

3.2. Variation Characteristics of Vibration Acceleration

The JH-200E rolling bearing testing machine was used to carry out the full ceramic ball
bearing oil lubrication test, and the vibration variation of the full ceramic ball bearing outer
ring under variable working conditions was measured based on the acceleration sensor, as
shown in Figure 4.
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Figure 4. Vibration law of outer ring of full ceramic ball bearing under oil lubrication condition.

(a) n = 5000 r/min, (b) n = 10,000 r/min.

According to Figure 4, when the rotational speed was constant, the vibration accel-
eration value of the outer ring of the full ceramic ball bearing decreased from large to
small and then increased with the increase of oil supply. When the rotational speed was
5000 r/min, the vibration acceleration of outer ring had a minimum inflection point value,
and the corresponding oil supply was also about 1.2 mL/min. This indicates that, when
the rotational speed was 5000 r/min, the full ceramic ball bearing exhibited the best friction
and vibration characteristics under the condition of 1.2 mL/min oil supply, which can be
determined as its optimal oil supply. When the oil supply was less than the optimal oil
supply, due to the influence of lack of oil lubrication, there was oil–solid mixed lubrication
in the bearing contact micro-zone; the sliding roll ratio changed more frequently, and the
vibration acceleration value of the bearing outer ring increased accordingly [22–24]. With
the continuous increase of oil supply, the lubrication state improved; the vibration value
of the bearing’s outer ring decreased, and the change trend was very obvious. When the
oil supply was greater than the optimal oil supply, the amount of lubricating oil was large,
and the excess lubricating oil produced viscous resistance to the operation of the bearing
under the action of viscosity, thus leading to a gradual increase in the vibration value
of the bearing’s outer ring, this phenomenon could be seen in Figure 4. However, the
influence of oil viscosity resistance on the vibration change of the bearing’s outer ring was
relatively small, so when the oil supply was greater than the optimal oil supply, and with
the continuous increase of oil supply, the increase trend of vibration acceleration value was
relatively moderate [25,26]. In addition, when the radial load of the bearing increased, the
vibration acceleration value of the bearing increased accordingly.

3.3. Variation Characteristics of Outer Ring Temperature Rise

The JH-200E rolling bearing testing machine was used to carry out the oil lubrication
test of the full ceramic ball bearing, and the temperature rise change of the outer ring of the
full ceramic ball bearing is shown in Figure 5, based on the temperature sensor measured
under variable working conditions.
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Figure 5. Temperature law of outer ring of full ceramic ball bearing under oil lubrication condition.

(a) n = 5000 r/min, (b) n = 10,000 r/min.

According to the test data in Figure 5, with the increase of oil supply, the temperature
rise of the outer ring gradually decreased. When the oil supply was lower than the optimal
range, the temperature rise decreased obviously with the increase of oil supply. This is
because, in the state of lack of oil lubrication, the lubrication effect of bearings is not good.
The running state was mixed friction, and dry friction in some areas led to a significant rise
in temperature. As the oil supply continued to increase, the lubrication state improved, and
the temperature rise of bearing outer ring decreased. When the optimum oil supply was in
place, the full ceramic ball bearing was in a state of full-film lubrication, which had a great
improvement effect on the temperature rise of the bearing. When the oil supply continued
to increase and was greater than the optimal oil supply, a large amount of lubricating oil
removed the temperature rise generated by the operation of the bearing and caused a
cooling effect, so the temperature rise of the bearing outer ring continued to decrease. The
temperature rise of outer ring increased with the increase of bearing speed; it also increased
with the increase of radial load. This is because, with the increase of the radial load and
speed, the contact stress and contact frequency in the contact micro-zone of the full ceramic
ball bearing became larger, and the heat generated by friction increased. The heat gradually
accumulated in the outer ring of the bearing, and the temperature of the outer ring rose
correspondingly.

4. Theoretical Calculation and Analysis

4.1. Oil Lubrication Dynamics Model of the Full Ceramic Ball Bearing

4.1.1. Establishment of Coordinate System of the Full Ceramic Ball Bearing

In the operation process of full ceramic ball bearings, the ceramic ball has the most
complex force and contact with the inner and outer rings and cage, thus resulting in
friction and impact. In addition, under the action of oil–gas lubrication, the ceramic
ball was also affected by hydraulic force, which caused the ceramic ball to have a more
complicated motion state [27,28]. In order to accurately describe the motion characteristics
and interaction forces of the internal parts of the full ceramic ball bearing, a coordinate
system was established, as shown in Figure 6.
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Figure 6. Coordinate system of deep groove ball bearing.

(I) The inertial coordinate system Oxyz was established, with the bearing center O as
the origin.

(II) The coordinate system Ocxcyczc was established, with the spherical centroid Oc as
the origin, yC axis along the radial direction of the bearing, and ZC axis along the
circumferential direction of the bearing.

(III) The inner circle centroid Ob was used as the origin to establish the coordinate system
Obxbybzb.

The force between the balls, rings, and cage is shown in Figure 7, in which the
subscripts I and e represent the inner and outer rings, respectively, j represents the Jth ball,
Q represents the normal contact force between the ball and the ring raceway, Tη and Tξ are
the drag forces on the contact surface between the ball and the ring raceway, Qc represents
the force of the cage pocket on the ball, and the angle between the cage pocket hole and
the three directions of Opxpypzp in the coordinate system, βx, βy, βz. PRη (ξ), and PSη (ξ), are
the rolling friction force and sliding friction force of the fluid at the entrance of the contact
surface between the ball and cage pocket, respectively.
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Figure 7. Mechanical model of full ceramic deep groove ball bearing. (a) Ball-ring contact force

model, (b) Ball-cage contact force model.

4.1.2. Elastohydrodynamic Model of Full Ceramic Ball Bearing under Oil Lubrication

Under the action of oil–gas lubrication, each rolling body had two velocity directions
of contact ellipse, i.e., the long and short axes, and the density and viscosity of lubrica-
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tion medium changed along the direction of lubrication film thickness. Its steady-state
generalized Reynolds lubrication equation can be written as follows:





∂
∂xc

[(
ρ
η

)
h3 ∂p

∂xc

]
+ ∂

∂yc

[(
ρ
η

)
h3 ∂p

∂yc

]
= 12U

∂(ρ∗xh)
∂xc

+ 12V
∂(ρ∗yh)

∂yc

U = 1
2 (u1 + u2)

V = 1
2 (v1 + v2)

(1)

where h is the oil film thickness, p is oil film pressure distribution, and U and V are the
entrainment velocity in xc and yc directions, respectively (the coiling speed in yc direction is
much higher than that in xc direction), which is related to the actual contact speed between
the inner and outer ring and the rolling bodies. ρ and η are density and viscosity coefficients,
respectively, and ρx

* and ρy
* are the equivalent densities related to the equivalent viscosity

of contact extrusion.
The lubrication film thickness h considering elastic deformation can be expressed as:

h = h0 +
x2

c

2Rx
+

y2
c

2Ry
+ δ(xc, yc) (2)

where h0 is the central film thickness of the elastic contact area, and Rx and Ry are the
equivalent radius of curvature in the xc and yc directions, respectively. δ(xc, yc) is the elastic
deformation in the contact region, and its expression is:

δ(xc, yc) =
2

πE

x

Ω

p(s, t)√
(xc − s)2 + (yc − t)2

dsdt (3)

where E is the equivalent elastic model of two contact objects x.

4.1.3. Friction Torque

The rolling friction torque ME generated when the ball rolls on the raceway was:

ME = 0.25Dpw

[(
1− γ2

i

) z

∑
j=1

Φij+
(

1− γ2
e

) z

∑
j=1

Φej

]
βa (4)

γi(e) = Dw cos αi(e)/Dpw (5)

where βa is the elastic hysteresis coefficient. Φ can be calculated by referring to reference.
The friction torque MD caused by differential sliding was:

MD =
Dpw

2Dw

[(
1− γ2

i

) Z

∑
j=1

MDij+
(

1− γ2
e

) Z

∑
j=1

MDej

]
fs (6)

where f s is the sliding friction factor between the ball and the raceway. The friction moment
Ms caused by the spin sliding of the ball was:

Ms =
3

8
fs

[
Z

∑
j=1

(
EwEiaiQij sin αij

)
+

Z

∑
j=1

(
EwEeaeQej sin αej

)
]

(7)

where Ew is the elastic modulus of the ball material. Ei and Ee are the elastic moduli of
inner and outer ring materials, respectively. ai and ae are the long half axes of the contact
ellipse of the inner and outer rings and the balls, respectively.

The friction torque Mc caused by the friction between the ball and the cage was:

Mc = 0.25Dpw

(
1− γ2

)
× sin

(
α0 + arctan

Dw sin α0

2γ1

)
mdµc (8)
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where Mc is the cage mass and µc is the sliding friction coefficient between the ball and
cage.

The friction torque Ml caused by the viscous resistance of lubricating oil in the running
process of the bearing was:

Ml = 6.53α−1S1Dpw ×
{

2
Z

∑
j=1

[
hij + hej

2

(
αij + αej

)]
S2

}−1

(9)

where S1 is the sufficient lubrication coefficient, and the lubrication coefficient of oil film
was taken. h is the oil film thickness in the center of the bearing contact area. S2 is the side
leakage coefficient of lubrication, and the value was 1 in the calculation.

In the process of rotational service, the total friction torque M of the bearing was:

M = ME + MD + Ms + Mc + Ml (10)

4.1.4. Influence of Temperature Rise on Structural Parameters of the Full Ceramic Ball
Bearing under Oil Lubrication Condition

Due to the inconsistent deformation of bearing inner and outer rings and ball under
the condition of temperature rise change, the clearance of deep groove ball bearings will
change, and the specific calculation formula is as follows:

∆p = ∆pi − ∆po + 2∆pr (11)

Cr = C0 + ∆p (12)

where ∆p is the change of bearing clearance. ∆po is the deformation of outer ring. ∆pi is
the deformation of inner ring. ∆pr is the deformation amount of ceramic sphere. C0 is the
initial clearance of bearing. Cr is bearing clearance.

The deformation of bearing ring and cage affected by temperature change can be
expressed as:

∆u = ΓsDc∆T (13)

where ∆u refers to the inner and outer diameters of bearing ring and cage. Γ is the expansion
coefficient of the corresponding material. Dc represents the bearing inner and outer rings,
as well as the cage’s inner and outer diameter sizes. ∆T is the temperature difference.

4.1.5. Boundary Conditions

In order to ensure the convergence and accuracy of the contact elastohydrodynamic
model of the full ceramic deep groove ball bearing, the value range of boundary coordinates
was xin = 2a, xout = 2a, yin = 3.5b, yout = 1.5b. Thus, the xc and yc directions to solve the area
was defined as: {(xc,yc)|−2a ≤ xc ≤ 2a, −3.5b ≤ yc ≤ 1.5b} or less or less. In this paper, the
region is divided into 50 × 50 grids in two directions.

Boundary conditions of Reynolds lubrication equation: boundary pressure was 0. The
pressure of the whole bearing area was greater than or equal to 0. Considering the type of
lubricating oil was isothermal solution, Thermo elastohydrodynamic lubrication(TEHL)
method should be used to solve the problem. The pressure gradient in the oil film rupture
zone was 0, as follows:





p(xin, yc) = p(xout, yc) = 0
p(xc, yin) = p(xc, yout) = 0
p(xc, yc) ≥ 0(xin < xc < xout, yin < yc < yout)
∂p(xout,yc)

∂xc
= ∂p(xc ,yout)

∂yc
= 0

(14)

4.2. Numerical Solution Process

Figure 8 shows the data coupling and solving process of the above equations.
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Figure 8. Flow chart of elastohydrodynamic coupling calculation of full ceramic ball bearings.

4.3. Calculation Results and Analysis

In 6208CE silicon nitride ceramic ball bearings, and combining the elastohydrodynamic
lubrication equation shown in the Figure 2 flow calculation program, the test process to get
the best oil for lubrication conditions, performing lubrication, and contact characteristics
analysis were concluded, and the ceramic ball bearing lubrication under the condition
of different speed and load of oil film thickness distribution of the simulation results are
shown in Figure 9.

By comparing the simulation results in Figure 9a–f, it can be seen that the minimum
liquid film thickness in the contact area of the rolling body decreased gradually with
the increase of the angle ψ from the distance to the minimum stress point of the rolling
body. This is because the squeezing effect of liquid film decreases with the increase of
ψ. The minimum liquid film thickness of the rolling body at the same position increased
with the increase of rotational speed and load. This was caused by the enhancement of
dynamic pressure effect of oil film with the increase of rotational speed. Furthermore, the
influence of rotational speed on the minimum liquid film thickness at different locations
was similar, and the influence of rotational speed on the liquid film at different locations
had no obvious change.

Under the condition of optimal oil supply lubrication for the full ceramic ball bearings,
the pressure distribution of lubricating oil film of different rolling bodies under different
rotational speeds and loads is shown in Figure 10.
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Figure 9. Oil film thickness distribution of ceramic ball bearings under different working conditions.

(a) ψ = 0◦, F = 3000 N, n = 10,000 r/min, (b) ψ = 0◦, F = 900 N, n = 5000 r/min, (c) ψ = 80◦, F = 3000 N,

n = 10,000 r/min, (d) ψ = 80◦, F = 900 N, n = 5000 r/min, (e) ψ = 160◦, F = 3000 N, n = 10,000 r/min,

(f) ψ = 160◦, F = 900 N, n = 5000 r/min.

By comparing the simulation results of Figure 10a–f, it can be seen that the maximum
pressure of the rolling body increased with the increment of ψ. This is because the maximum
Hertz contact pressure of the rolling body increased with the increase of ψ. It can be seen
from the figure that the maximum pressure of lubrication film decreased with the decrease
of load contact pressure for different rolling bodies. The maximum oil film pressure
corresponding to the rolling body at the same position increased with the increase of
rotational speed and load. This was due to the enhanced dynamic pressure effect of oil
film, caused by the increase of rotational speed. At the same speed, the angle between the
rolling body and maximum stress position of the rolling body at different positions of the
same bearing were larger, and the corresponding load was smaller, so the maximum oil
film pressure caused by it also decreases correspondingly.
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Figure 10. Oil film pressure distribution of ceramic ball bearings under different working conditions.

(a) ψ = 0◦, F = 3000N, n = 10,000 r/min, (b) ψ = 0◦, F = 900 N, n = 5000 r/min, (c) ψ = 80◦, F = 3000 N,

n = 10,000 r/min, (d) ψ = 80◦, F = 900 N, n = 5000 r/min, (e) ψ = 160◦, F = 3000 N, n = 10,000 r/min,

(f) ψ = 160◦, F = 900 N, n = 5000 r/min.

By comparing the simulation and experimental results, it can be found that the thick-
ness and pressure of the bearing oil film in the simulation model changed with the change
of working conditions, and the change trend had a good consistency in the experimental
results. In the case of large lubricating oil film thickness, the bearings showed excellent
characteristics in the experiment. The reliability and correctness of the experimental data
were verified.
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5. Morphological Characteristics and Microstructure Properties of Contact Micro-Zone
of Full Ceramic Ball Bearings under Oil Lubrication

5.1. Test Analysis of Full Ceramic Ball Bearings

The full ceramic ball bearings, tested under different lubrication conditions and work-
ing conditions, were tested and analyzed. Among them, the bearing in the figure below
was tested under the condition of 900 N load, 5000 rpm, and 0.2 mL/min oil supply. After
disassembling the tested bearing assembly, no obvious failure was found in the observation,
as shown in Figure 11.

Scratch 

regions

Figure 11. Removed silicon nitride full ceramic ball bearing and its components.

However, in Figure 11, the surface of the PVX cage side beam (the outer circular surface
of the cage) showed obvious scratching and rubbing areas. According to the scratches, it
can be judged that the surface of the outer ring and inner circle contact and collide when
the bearing rotates. The reason for this phenomenon is that the cage was made of composite
materials. According to the material properties in Tables 1 and 3, the thermal expansion
coefficient of the cage was greater than that of silicon nitride. In the service process, due
to the influence of temperature rise, the cage deformation was relatively large, and the
cage was guided by the outer diameter. In this guidance mode, the coupling effects of
temperature rise, load, and impact made the cage produce elliptic deformation, which then
caused friction with the outer ring and inner circle, thus resulting in the cage’s rub. In
addition, PVX abrasive chips have certain lubricity, which helps to lubricate bearings in
service conditions, to some extent.

5.2. Full Ceramic Ball Bearing Contact Area Surface and Surface Quality Testing

The contact area between the rolling body and the raceway was observed, as shown
in Figure 12.

  
(a) (b) 

Figure 12. Outer ring raceway and rolling bodies of full ceramic ball bearing after the test. (a) Bearing

outer ring raceway, (b) Rolling bodies.

It can be seen from Figure 12 that there was no damage phenomenon on the surface
of the contact area of the full ceramic ball bearing after the test. However, black film
appeared in some areas of outer ring raceway and ball bearing surfaces. In order to further
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reveal the chemical composition of the film, the mechanism of the film generation and its
influence on the surface friction and wear quality of the bearing contact micro-zone were
analyzed from the microscopic point of view. We performed non-destructive cutting of test
bearing ring and cage. They were tested together with ceramic balls by SEM, XRD, and
other instruments.

Hitachi S-4800 scanning electron microscope (SEM), which was made by Hitachi in
Japan, was used to detect the raceway and black film covered area on ball surface after the
test in Figure 12, as shown in Figures 13 and 14. As can be seen from scanning electron
microscopy, the black film area was the covered area in Figures 13 and 14. This indicates
that a thin film was formed on the surface of the contact micro-zone between the raceway
and ball bearings under the coupling effects of temperature rise, heavy load, sliding effect,
and cage collision. By comparing the pictures in Figures 12–14, it can be seen that both the
macro- and micro-observation results show that the film formed on the surface of outer
ring raceway had a better and more significant effect. Meanwhile, observe the removed
bearing inner ring in Figure 11—the black film was not visible on its raceway surface.

Coverage 

area

Non-coverage 

area

 

Non-coverage 

area

Coverage 

area

 
(a) (b) 

Figure 13. SEM imaging of full ceramic ball bearing after the test. (a) Measuring point 1, (b)

Measuring point 2.
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Figure 14. SEM imaging of outer raceway of full ceramic ball bearing after the test. (a) Measuring

point 1, (b) Measuring point 2.

The preliminary analysis of the reasons for the above phenomenon was that, when the
full ceramic ball bearing ran in oil lubrication conditions, the debris on the outer ring of the
cage and surface of the pockets were involved in the bearing contact micro area under the
action of bearing rotation.
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5.3. Chemical Composition and Qualitative Analysis of Surface Layer of Bearing Contact Area

The black film and cage on the outer racing surface of ceramic ball bearing were ana-
lyzed by Raman spectroscopy. In order to ensure the accuracy of the test, the components of
the cage and raceway surface film were measured and analyzed twice, and the test results
are shown in Figure 15.

1

2

3

Figure 15. Raman spectra peaks of black film between cage and raceway after the test. 1–3. correspond

to 3 characteristic peaks, respectively.

By comparing the four groups of measured curves in the figure, it can be seen that the
spectral distribution trend of the film on the surface of the bearing cage and raceway were
different after the test, that is, the 1/2 distribution trend of the curve is different from the
3/4 distribution trend of the curve. However, by comparing the three characteristic peaks
of the four curves, it was found that the Raman wavelengths of the characteristic scattering
peaks were almost the same. This indicates that the crystal interface between the cage and
raceway surface film material was basically the same; we can preliminarily judge that the
chemical compositions of the two groups of substances were similar.

XRD analysis was carried out on the powder of the outer ring raceway of the bearing
and film layer on the surface of the ball and cage powder. The test results were shown
in Figure 16.
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3

4 5 6

Figure 16. XRD spectrogram of cage and raceway black film. 1–6. correspond to 6 characteristic

peaks, respectively.
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The XRD results show that the phase diffraction peaks of the bearing cage and raceway
film were basically the same before and after the test. Combined with the above analysis, it
was preliminarily shown that PVX did not generate new substances by chemical reaction
with the medium in the environment under the service conditions of extreme low variable
temperature conditions. In Figure 15, the reason the distribution trend of curve 1/2 was
different from that of curve 3/4 was that the film components formed by the retener powder
under rolling action contain a very small amount of worn silicon nitride and sintering
agent materials.

By comparing the above analysis results, it can be inferred that the powder formed
by the cage under the action of physical conditions became the lubricating medium of the
full ceramic ball bearing oil, which played a promoting role in the service of full ceramic
ball bearings.

6. Conclusions

(1) In the service process of full ceramic ball bearing oil lubrication, there is an optimal oil
supply. Under the action of the optimal oil supply lubrication, full-film lubrication can
be achieved, and the bearing exhibits the optimal characteristics of friction, vibration,
temperature rise, and so on. Compared with the load, the speed of the bearing
has a decisive influence on the optimal oil supply. In this paper, it was found that
the optimal oil supply of 6208CE silicon nitride full ceramic ball bearings was about
1.2 mL/min when the rotational speed was 5000 rpm. When the speed was 10,000 rpm,
the optimal oil supply was about 1.6 mL/min.

(2) In the service process of full ceramic ball bearings, when the oil supply was less than
the optimal oil supply, the full ceramic ball bearings were in the state of lacking oil
lubrication, and the oil–solid mixed lubrication in the contact micro-zone led to the
friction, vibration, and temperature rise of the bearings. When the oil supply was
greater than the optimal oil supply, the viscous resistance generated by too much
lubricating oil increased the friction and vibration of the bearing, but the friction and
vibration were smaller than those in the state of poor oil lubrication. When the oil
supply was too much, a large amount of lubricating oil reduced the temperature rise
generated by the bearing, thus playing the role of lubrication and cooling, so the
temperature rise of the bearing outer ring continued to decrease.

(3) When the rotational speed and load of the full ceramic ball bearing were constant, the
extrusion effect and Hertz contact pressure increased gradually with the increase of
the angle ψ from the minimum stress point of the rolling body, and the minimum oil
film thickness and oil film pressure in the contact area of the rolling body decreased.
When the speed and load of the bearing increased, the minimum oil film thickness and
oil film pressure of the rolling body at the same position increased with the increase
of the speed and load of the bearing, due to the influence of the dynamic pressure
effect of the lubricating oil film.

(4) The full ceramic ball bearing can run under the above oil lubrication, as well as high
speed and heavy load conditions. Key components, including ceramic ball, ceramic
ring, and retainer, did not fail after detection. However, under the action of high
contact stress, a film will be formed in the outer ring raceway of the bearing, which
does not affect the service performance of the bearing. If the cage material is kept
within the lubrication characteristics, the film has a certain promotion effect on the
service of the bearing.
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Abstract: Due to the special structure of double-half inner rings, four-point contact ball bearings

are prone to uneven forces in the inner raceway during movement, which affects the dynamic

performance of the rolling element and cage, and even leads to cage sliding. Dynamic performance

of the cage is an important factor affecting the working stability of bearings. In this paper, in order to

grasp the operation law of the cage so as to guide the application of four-point contact ball bearings,

the dynamic model of four-point contact ball bearings is established by the secondary development

of Automatic Dynamic Analysis of Mechanical Systems (ADAMS). The dynamic performance of the

cage is analyzed and evaluated with the indexes of vortex radius ratio and vortex velocity deviation

ratio of the cage centroid trajectory. The results show the following: the cage stability increases and

then decreases to a certain degree with rotating speed-rise; it increases and then decreases with the

increase in the pure axial load; under a combination of axial and radial load, the cage moves more

smoothly with smaller radial force. Rotating speed has little effect on cage stability, while radial

force has a great influence on cage stability, followed by axial load. In order to verify the simulation

results, a test bench for rolling bearing cages is developed, and the accuracy of the simulation results

is verified by the test results.

Keywords: load distribution; four-point contact ball bearing; bearing dynamics; cage motions experiment

1. Introduction

As an important part of the high-speed railways, the bogie plays a role in connecting
the body and the track, thus its motion stability affects the safety and comfort of the
train [1,2]. Figure 1 shows a bogie. The four-point contact ball bearing (FPCBB) is one of the
important components of the bogie, which could support axial loads in both directions due
to its double-half structure. It is usually used in conjunction with cylindrical roller bearings
for locating and supporting. Compared to a traditional paired configuration angular contact
ball bearing, FCPBB requires less coaxiality and space between bore and shaft. However, in
the motion process, the force between the rolling elements and the double-half raceway will
change, inevitably making a four-point contact, three-point contact or two-point contact
inside the bearing, which may lead to cage instability. In case of serious instability, it
will even cause abnormal heat generation and the early failure of the bearing. Therefore,
investigation of its dynamic characteristics is desired.

Research on FPCBB focuses more on wind turbines, aero-engines and robots joints,
and most of them are static analysis. For example, Zhang [3] has analyzed the influence of
radial load and overturning moment on the load distribution of FPCBB; Li [4] has analyzed
the influence of positive and negative clearance on the load distribution of FPCBB; Li
and Tang [5] have studied the influence of different parameters on the load–displacement
relationship theoretically by establishing the geometric coordination equation of FPCBB.
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In the research on the dynamic characteristics of FPCBB, researchers mostly pay more
attention to the wind turbine bearings that mainly bear radial load and overturning torque,
as well as the thin-walled FPCBB of industrial robots that prefer structural optimization
and lightweight design. Wu [6] has analyzed the influence of different speed and preload
on the dynamic characteristics of FPCBB of wind turbine generator; Shi [7] has studied the
influence of different structural parameters on the dynamic characteristics of four point
contact ball bearing under the combined action of axial load and overturning moment;
Yang [8] has studied the precise elliptical contact area shape and contact state of thin-
walled FPCBB based on the finite element method; Liu [9] has explored the optimization
of structural parameters of thin-walled FPCBB from the aspects of contact force between
ball and cage and its influence on axial vibration intensity of cage centroid by multi-body
dynamics and Hertz contact theory. These studies provide great help for improving the
service performance and the efficiency of bearing design.

Figure 1. The bogie of high-speed railway train.

In terms of dynamic analysis of bearings, the establishment of motion differential
equations was started by Walters [10]. His model with a 4 degrees of freedom (4-DOF) ball
and a 6-DOF cage laid the foundation for dynamic analysis of ball bearing. Based on the
study of Walters, Gupta [11–13] studied the complex motion and contact state between
the rollers and raceway, and comprehensively analyzed the steady and transient dynamic
characteristics of the bearing. Hagiu [14] programmed the calculation of the interaction
between bearing components, but the model did not take into account the lubrication.
Wijnant [15] constructed the ball bearing dynamic model of considering lubrication film,
but the calculation accuracy is dependent on the step size and is difficult to guarantee.
Weinzapel [16] established a flexible cage and obtained the rigid–flexible coupling model
in order to be closer to the actual working conditions, which makes the calculation more
complex. In addition, some scholars [17–20] applied the finite element method to analyze
contact characteristics of FPCBB, but due to the complex meshing, these studies are mostly
limited to the analysis of large bearings under steady low speed conditions.

Furthermore, some researchers used the commercial software of multi-body dynamics
to numerically analyze dynamic characteristics of bearings. For example, Ji [21] used
ADAMS to analyze the dynamic characteristics of the instantaneous response of the cage,
and studied cage centroid trajectory characteristics under different rotating speeds, loads,
radial clearances and the number of steel balls. Hong [22] and Chan [23] also used ADAMS
to establish the bearing dynamic model, so as to carry out corresponding researches.
Hou [24] built a rigid–flexible hybrid dynamic model of the bearing based on ANSYS and
ADAMS, and obtained the motion law of rigid components and the influence of vibration.
However, there are relatively few analyses on the dynamic performance for bogie four-
point contact ball bearings, a load condition in which axial load is dominant and radial load
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is supplementary. Wu [6] analyzed the bearing dynamic feature under main radial load.
However, it did not put forward the corresponding evaluation index, and only analyzed
the motion characteristics of the bearings under different working conditions. Zhang [25]
analyzed the influence of cage structure shape on bearing dynamic characteristics under
combined loads by ADAMS. Based on Hertz contact theory, Zhao [26] used ADAMS
to establish a bearing dynamic model considering gear meshing, axial load, speed and
overturning torque on bearing vibration and contact force.

As mentioned above, no clear evaluation indicators were given for the motion stability
analysis of four-point contact ball bearings. The common method for bearing dynamic
analysis is based on the multi-body dynamics commercial software, which is greatly
affected by the limitation of the software itself and can only consider limited factors. In
order to discuss the operation stability of bearings, a general methodology for dynamic
performance analysis of cage will be proposed in this work. A dynamic model of FPCBB will
be established based on ADAMS secondary development, and the cage centroid trajectory
will be discussed under the conditions of radial load and axial load in the following sections.
The variation of cage motion stability is described by vortex velocity deviation ratio and
vortex radius ratio, the latter referring to the ratio of the difference between the maximum
and minimum vortex radius to the average vortex radius. Finally, a test bench will be
developed to collect the real speed and cage motion trajectory at different rotating speeds
and load conditions to validate the simulation results.

2. Bearing Dynamic Model

2.1. Solid Model Creation

The bearing model is QJ215, which is generally used in the high-speed railway bogie.
The structure is shown in Figure 2. The bearing inner rings, outer ring and rolling elements
are made of bearing steel, and the cage is made of brass. Specific size and material parame-
ters are shown in Table 1. In this paper, the parametric design method is used to model the
FPCBB in ADAMS/View by macro commands and CMD program [27,28]. The 3D model,
as shown in Figure 3, can be obtained by inputting corresponding structural parameters.

Figure 2. The structure of QJ215. (a) A physical picture of QJ215; (b) A dimension drawing of QJ215.
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Table 1. Dimensional parameters and material parameters of the four-point contact ball bearing.

Characters Parameter Name Numerical Value

d Diameter of inner ring 75 mm
D Diameter of outer ring 130 mm

Dw Diameter of ball 17.462 mm
Z Number of balls 15
B Width of bearing 25 mm
α Contact angle 35◦

Pd Radial clearance 27 µm
∆Dc Lead gap 20
E1 Elastic modulus of bearing steel 2.1 × 1011 N/mm2

ν1 Poisson ratio of bearing steel 0.29
ρ1 Density of bearing steel 7.81 × 10−6 kg/mm3

E2 Elastic modulus of brass 1.06 × 1011 N/mm2

ν2 Poisson ratio of brass 0.324
ρ2 Density of brass 9.5 × 10−7 kg/mm3

Figure 3. 3D model of QJ215.

2.2. Bearing Dynamics Model Construction Based on GFOSUB

The contact force between bearing components is greatly affected by the recognition
accuracy of ADAMS solver on the solid model, and the results are prone to problems such
as large values and burrs [29]. For more realistic results, the bearing contact force can be
solved directly by GFOSUB subroutine, which can bypass the contact stiffness and ADAMS
solver, reducing the negative effects of contact stiffness and other parameters. The process
of building a bearing dynamics model based on Gforce Subroutine (GFOSUB) is shown in
Figure 4.
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Figure 4. The process of building the bearing dynamics model based on GFOSUB.

Firstly, the geometric model of FPCBB is established by structural parameters, and
boundary conditions such as materials, constraints and loads are set to obtain the state
information of bearing components, including displacement, speed and acceleration, etc.
Meanwhile, the GFOSUB bypasses the Adams contact solver to complete the calculation of
force, finally the output results are solved by the differential equation solver. The command
box of GFOSUB is shown in Figure 5. The parameters in the red box are ball diameter,
groove curvature radius of outer raceway, outer raceway groove bottom diameter, inner
raceway groove bottom diameter, dynamic friction coefficient, static friction coefficient,
outer ring outer diameter, mass marker point of the inner ring center and mass marker
point of the outer ring center. The yellow box is the name of the .dll file where GFOSUB is
located. GFOSUB can be called by entering the corresponding parameters.

Figure 5. The command box of GFOSUB.

2.3. Boundary Condition Settings

Boundary condition settings mainly include adding freedom constraint, load, driving
speed, contact force, etc.

1. Addition of freedom constraints;

In the unconstrained state, the bearing has six degrees of freedom for translation and
rotation in X, Y and Z directions. In the actual working process, the outer ring is in a fixed
state with 0 degrees of freedom, so it is necessary to add the corresponding restraint sub to
restrain its motion. The inner ring has 4 degrees of freedom, i.e., translational movement
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in X, Y and Z directions and axial rotation: δx, δy, δz and θy; the rolling elements and the
cage retain 6 degrees of freedom: δx, δy, δz, θx, θy and θz. The above freedom relationship is
shown in Figure 6.

2. Addition of load and driving speed;

Figure 6. The dynamic model of FPCBB.

For the FPCBB model, it is only subjected to axial and radial loads in the working
process, and the load acts on the center of the inner ring. In Figure 6, Fa is the axial load, Fr
is the radial load. In addition, the driving speed is set in the direction of the axial rotation
of the inner ring, and according to the design requirements, the rated speed of the bearing
is 5988 r/min.

3. Addition of contact force.

The interaction between the components of the bearing is mainly transmitted according
to the contact force. FPCBB has a wide range of contact elements; according to the contact
elements, they can be divided into rolling elements and inner rings, rolling elements and
outer rings, rolling elements and cages, cages and guide rings, etc. When using ADAMS
for dynamic simulation, the contact parameters between the two elements mainly include
stiffness, damping and related friction coefficient.

For the FPCBB, the contact model between the rolling elements and the inner and
outer rings is point contact, and the bearing contact stiffness Kj (j = i,o) can be calculated by
empirical formula [30], such as Equation (1):

Kj = 2.15× 105
(
∑ ρ

)−1/2
(nδ)

−3/2 (1)

where ∑ ρ is the curvature of the contact point, and nδ is the contact deformation coefficient
of elastomer.

The calculation of ∑ ρi and ∑ ρo is as follows:

∑ ρi =
4

Dw
+

2

dm − Dw
− 1

ri
(2)

∑ ρo =
4

Dw
− 2

dm − Dw
− 1

ro
(3)
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where dm is the equivalent diameter of bearing, which can be calculated by Equation (4):

dm = (d + D)/2 (4)

Replace the bearing parameters to obtain the value of Kj: Ki = 1.25 × 106, Ko = 1.1 × 106.
In ADAMS, the bearing contact damping is taken as 0.1~0.01% times the contact

stiffness and the friction coefficient is about 0.1 [31].
At this point, the dynamics model of FPCBB is completed in ADAMS.

3. Verification of FPCBB Model

For the created bearing model, it is necessary to verify its accuracy to improve the
reliability of the simulation results. In this paper, the correctness of the dynamics model is
judged by the theoretical calculation results as well as the bearing load distribution curve
under the static simulation and dynamics simulation.

Based on the above-mentioned parametric model, an axial load of 2000 N, a radial
load of 500 N and a rotating angular speed of 1000 rpm are applied to the center of inner
rings. The dynamic simulation of the bearing is implemented in ADAMS software, the
velocities and dynamic contact forces of the bearing are shown in Figure 7.

Figure 7. Velocities and dynamic contact forces of QJ215. (a) Rotating speed of the cage; (b) Rotating

speed of the ball; (c) Contact force between ball and inner ring; (d) Contact force between ball and

outer ring.

According to empirical formula, the bearing cage speed nc is

nc =
1

2
[ni(1− γ) + no(1 + γ)] (5)
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where ni is the rotating speed of inner rings and no is outer rings speed.

γ =
Dw cos α

dm
(6)

where α is ball connect angle.
It is obtained that the cage speed is 430.21 r/min while the simulation value is 432.92 r/min,

and the difference is 0.63%, so the simulation results can be considered reasonable.
For ball bearings subjected to combined axial and radial loads, due to the influence of

centrifugal force and gyro torque, the indirect contact angle between the rolling element
and raceway at different phase angles is different, and the contact load between the rolling
element and the inner and outer rings is also different. If the applied radial load is recorded
as Fr, axial load is Fa, and the included angle between adjacent rolling elements is φ, the
rolling element at φ = 0 will bear the maximum load Qmax [32].

The maximum contact load of ball bearings under combined load is:

Qmax =
Fr

ZJr(ε) cos α
(7)

where Jr(ε) can be obtained by referring to Table 7.4 of the reference [33].
The load distribution function at different phase angles is:

Qφi = Qmax

[
1− 1

2ε
(1− cos φ)

]1.5

(8)

Applying radial and axial forces of 500 N to bearing, the result calculated by empirical
formulas is shown in Figure 2.

The bearing static load distribution curve reflects the bearing load distribution in
the stationary or ultra-low speed conditions of the bearings. For bearings running at
medium and high speeds, collisions are generated between the components during the
motion, resulting in instantaneous increase in load values between the rolling element and
raceway or cage. Considering that the load curve in dynamic analysis is more confusing,
the obtained dynamic load curve needs to be filtered to eliminate the burr of the signal.
Static simulation and dynamic simulation were carried out by applying the same load
conditions to the bearing model in ADAMS, and the load magnitudes of the rolling element
under different phase angles were obtained. Accordingly, the static load distribution curve
and dynamic load distribution curve are plotted and the results are shown in Figure 8.

Figure 8. Comparison of dynamic simulated, static simulated and theoretical values of combined load.
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According to Figure 8, the dynamic load curve is roughly similar to the static simula-
tion results and the load curve profile obtained from theoretical calculation, which proves
that the bearing dynamic model in Section 2 is correct. In the real service process, the
dynamic load profile is obviously not as stable as the other two static load profiles, due to
the random collision between the rolling element and inner and outer rings, rolling element
and cage, cage and inner and outer rings during the bearing motion. Additionally, due to
the existence of inertia moment and centrifugal force, the non-load-bearing area where the
contact load between rolling body and raceway is 0 under theoretical or static simulation
conditions, and the same contact load exists under dynamic simulation conditions. There-
fore, it is reasonable that the dynamic load curves are partially different from the static
simulation curves in the validation analysis of the dynamics model.

4. Analysis of Dynamic Characteristics of the Cage

The dynamic characteristics of the cage have different performances with the change
in working conditions. In previous studies [30,33,34], it is usually judged according to the
motion state of the centroid: when the trajectory of the cage centroid is one point, it can be
considered as a completely stable state; when the cage centroid trajectory is not a point and
a vortex occurs, the motion stability of the cage is judged according to the centroid vortex
trajectory and the vortex velocity deviation ratio. When the cage vortex trajectory is almost
circular, it indicates that the cage centroid is in a stable vortex state. When the value of the
cage vortex velocity deviation ratio is small, it indicates that its motion is relatively stable.

The deviation ratio of cage vortex velocity is expressed as σv, and the calculation
formula is as follows:

σv =

√
n

∑
i=1

(vi − vm)2/(n− 1)

vm
(9)

where vi is the speed of the cage centroid at any moment, vm is the average speed of the
cage centroid, and n is the number of sampling points of the cage speed time domain curve.

4.1. Stability Variation of Cage with Rotating Speed

Apply 1000 N axial load to the bearing, observe the simulation results at driving
speeds of 1000, 2000, 3000, 4000, 5000, 6000, 7000 and 8000 r/min, and analyze the influence
of speed on the stability of cage.

The trajectory of the cage centroid after stabilization obtained by simulation analysis
at the above 8 different rotating speeds is shown in Figure 9.

From Figure 9, it can be seen that the vortex radius is close to the guiding gap after
stabilization. When the rotating speed is less than 3000 r/min, the cage centroid trajectory
tends to change steadily and regularly with the increase in rotating speed; after exceeding
3000 r/min, the centroid trajectory tends to become cluttered with the increase in rotating
speed; after exceeding 6000 r/min, it changes relatively invisibly.

Figure 10 shows the vortex radius ratio and vortex velocity deviation ratio of the
cage centroid trajectory. The vortex radius ratio is the ratio of the difference between the
maximum and minimum vortex radius to the average vortex radius, and it reflects the
divergence degree of the cage centroid vortex trajectory. It can be seen from the figure that
the ratio value decreases gradually with the increase in speed when the speed is less than
3000 r/min, when the speed exceeds 3000 r/min, the deviation ratio of centroid vortex
velocity increases gradually with the increase in speed, and finally tends to be level off. It is
noteworthy that both ratios almost have the same trend, but the vortex radius ratio has a
greater magnitude of change. Even so, its range of variation with rotating speed is only
0.15, so the effect of speed on cage stability can be considered small.
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Figure 9. Cage centroid trajectory at different speeds. (a) 1000 r/min; (b) 2000 r/min; (c) 3000 r/min;

(d) 4000 r/min; (e) 5000 r/min; (f) 6000 r/min; (g) 7000 r/min; (h) 8000 r/min.

Figure 10. Effect of rotating speed on the velocity deviation ratio and radius ratio of cage centroid

vortex velocity.

As can be seen from Figures 9 and 10, the motion stability of the cage gradually
stabilizes with an increase in speed and then gradually deteriorates to a certain level. This
is due to the fact that with the increase in rotating speed, the unbalanced force of the cage
itself and the interaction with the steel ball gradually increase, but the increasing amplitude
of the cage unbalanced force is large and plays a major role, prompting the cage to push
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towards the guide surface of the guiding ring and produce a stable vortex. When the
rotating speed exceeds 3000 r/min, the interaction between the cage pocket and the steel
ball increases, gradually changes the motion state of the cage, presents a trend of gradual
confusion, and the motion stability becomes worse. Compared with the simulation results
of Wen [34], the stability trend of the bearing cage in this paper is in good agreement
with the simulation results of the angular contact ball bearing 7103AC, which verifies the
correctness of the simulation results.

4.2. Stability Variation of Cage with Pure Axial Load

Apply the driving speed of 1000 r/min to the bearing and select the simulation analysis
results of five different working conditions of 1000, 2000, 3000, 4000 and 5000 N to analyze
the influence of axial load on the stability of cage. The trajectory of the cage centroid
obtained under the action of the above five different axial forces is shown in Figure 11.

Figure 11. Cage centroid trajectory at different axial load. (a) Cage centroid trajectory at 1000 N;

(b) Cage centroid trajectory at 2000 N; (c) Cage centroid trajectory at 3000 N; (d) Cage centroid

trajectory at 4000 N; (e) Cage centroid trajectory at 5000 N.

It can be seen from Figure 11 that when the axial force is less than 3000 N, the trajectory
of the cage centroid tends to be stable and regular with the increase in the axial force; after
more than 3000 N, the trajectory of the centroid tends to be more complex with the increase
in axial load.

The vortex radius ratio and vortex velocity deviation ratio are shown in Figure 12. It
can be seen that when the axial force is less than 3000 N, the ratios gradually decrease with
the increase in axial force, and when the axial force exceeds 3000 N, they enhance with the
increase in axial force. The vortex radius ratio has a variation of 0.45, so the effect of axial
force on cage stability is significant.
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Figure 12. Effect of pure axial load on the velocity deviation ratio and radius ratio of the cage

centroid trajectory.

It can be seen from Figures 11 and 12 that within a certain axial force range, the motion
stability of the cage tends to be stable with the increase in the axial force. After exceeding
the critical value, the stability of the cage gradually deteriorates. This is because within
a certain range of axial force, with the increase in axial load, the load borne by each steel
ball is gradually uniform. Therefore, the difference in the guiding ring drag force leads to
the reduction in the fluctuation of rotating speed when the steel ball rotates to different
azimuth angles, which reduces the collision between the steel ball and the cage pocket.
The unbalanced force of the cage is dominant, which makes the cage show a stable vortex,
which is conducive to the stability of the movement of the bearing cage. When the axial
force is too large, the collision force fluctuation between the steel ball and the cage pocket
hole increases, making the stability of the cage worse.

4.3. Stability Variation of Cage with Radial Load

FPCBB cannot bear pure radial force, the size of radial force it can bear should be
less than 0.7 times of axial force. The simulation analysis results of 6 different radial
force working conditions of 100, 200, 300, 400, 500 and 600 N are selected to analyze the
influence of radial force on the stability of the cage under the combined load condition. The
trajectory of the cage centroid obtained under the above six different working conditions is
shown in Figure 13, from which it can be seen that the cage centroid trajectory is gradually
complicated with the increase in radial force.

The vortex radius ratio and vortex velocity deviation ratio under the above six different
load conditions are shown in Figure 14. It can be seen that the ratios have an upward trend
and the trend tend to expand. The amplitude of the radius ratio exceeds 1.0 when the radial
force is 600 N. It can be considered that the radial force has the greatest influence on the
stability of the cage, and the influence enhances with the increase in the radial force.
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Figure 13. Cage centroid trajectory at different radial load under combined load. (a) 100 N; (b) 200 N;

(c) 300 N; (d) 400 N; (e) 500 N; (f) 600 N.

Figure 14. Effect of radial load on the speed deviation ratio and radius ratio of the cage centroid

trajectory under combined load.

From Figures 13 and 14, it can be seen that the increase in radial force will prompt the
cage centroid motion trajectory tends to be chaotic, and the stability becomes worse. This
is because with the increase in radial force, the load of each steel ball is more and more
uneven, which increases the frequency and amplitude of the collision between the steel ball
and the cage pocket hole, thus changing the cage trajectory, making the trajectory irregular
and reducing the stability of the cage.

4.4. Experimental Verification

In order to verify the accuracy of the analysis results of the bearing dynamic model
established according to the parametric method in this paper, a rolling bearing cage perfor-
mance analysis test bed is built. The test bed is composed of motorized spindle, coupling,
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support shaft, test shaft, loading device and test system. The main structure is shown
in Figure 15. The test bearing is QJ215, its structure is shown in Figure 2. The structural
parameters are consistent with the bearing used for simulation.

Figure 15. Test bed of rolling bearing cage performance analysis.

The test system includes a rotating speed measurement system and a motion displace-
ment measurement system, as shown in Figure 16. The rotating speed measurement system
includes laser speed sensor, reflector, signal acquisition system and computer, etc., and the
motion displacement measurement system includes 2D laser profilers and processor.

Figure 16. Cage speed and displacement measuring device. (a) Cage speed measuring device;

(b) Cage displacement measuring device.

The principle of cage speed measurement is to put a reflector on the end surface of
the cage, and align the laser to the reflector. When the reflector returns to the laser with
one revolution of the cage, the laser sensor returns a pulse signal, which is converted into a
rotational speed signal by the acquisition system, and finally, the curve of rotating speed
of the cage is obtained. The laser sensor is Laser Tacho Probe-MM0360 from Denmark,
and the signal acquisition device is PAK Mobile MK II data acquisition system from
Millerbem, Germany.
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The principle of cage trajectory measurement is shown in Figure 17. The vibration
displacement information of the cage is monitored in real time by 2D laser profiler, and
the positions of the cage profile edge points at different moments are subtracted to obtain
the vibration displacement signal of the cage. Two sensors are used in the test: sensor
1 is placed in the direction parallel to the test bench, for measuring the displacement in
the X-axis direction; sensor 2 is placed in the direction perpendicular to the test bench, to
measure the displacement in the Z-axis direction. The two sensors are synchronous and the
signal is transmitted to the monitor through a switch. The 2D laser profiler is the LJ-X8020
model from Keyence.

Figure 17. Measurement principle of cage trajectory.

The rotating speed of the cage was measured using the rolling bearing cage motion test
bench. The test rotating speed of the electric spindle changes from 600 r/min to 2000 r/min
under constant load. The radial force loading device kept 0 N, and the output values of the
axial force loading device were from 1000 N to 2000 N. The comparison results between
simulation and experiment are shown in Figure 18.

Figure 18. Simulation and experimental error curve.

The experimental speed is higher than the simulated speed, and the maximum error
between them is 10.4%. It shows that the rotating speed has little influence on the error, and
the error decreases with the increase in the axial load. The main reason for the error is that
the test bearing adopts SKF’s LGMT 3/1 grease, whose base oil viscosity is 125 mm2/s. Its
typical application is bearings with > 100mm inner diameter. It is larger than the viscosity
recommended in the manual of QJ215. Thus, the drag force between the rolling body and
the inner and outer rings is larger, which causes the cage speed to increase. Therefore, the
simulation results can be considered to be consistent with the experimental results, and the
accuracy of the simulation is verified.

The radial vibration signal of the cage is collected at the driving speeds of 1000, 1500
and 1800 r/min, as well as 1000 N pure axial load condition. The collected vibration dis-
placement signals are filtered to eliminate the rotating frequency and external interference,
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and the centroid trajectory is obtained by synthesizing the two vibration displacement
signals. The synthetic centroid trajectory of the cage is shown in Figure 19.

Figure 19. Cage centroid trajectory at different driving speeds. (a) 1000 r/min; (b) 1500 r/min;

(c) 1800 r/min.

From Figure 19, it can be found that the centroid trajectory is elliptical, rather than
the circle shown in the simulation result of Figure 9, this is caused by the difference in
the stiffness of the bearing in all directions due to the actual bearing installation error
or the deflection of the loading force. As shown in the figure, in the speed range of
1000–1800 r/min, the centroid trajectory of the cage shows vortex motion and tends to
change steadily and regularly with increasing speed. It is consistent with the trend of
simulation results of Figure 9.

Similarly, with regard to a change in the operating conditions, the centroid trajectory
was analyzed at the speed of 1000 r/min and pure axial loads of 1000, 1500 and 1800 N,
respectively, and the results are shown in Figure 15.

It can be seen from the figure that the centroid trajectory with axial force of 1500N
and 1800N is better concentrated than that at 1000N, and the cage vortex situation is more
stable, which is consistent with the trend of simulation results of Figure 11. From Figures 19
and 20, it can be seen that the change rules of the cage centroid trajectory measured by the
experiment is consistent with the change in the simulation results, indicating that the change
rules of the centroid trajectory summarized before may be correct, which also verifies the
correctness of the simulation. There are still many shortcomings of the experiment. For
example, only pure axial force loading is realized. Due to the limitation of conditions, there
is no way to stably load radial force and axial force at the same time. High speed makes
the test bench vibrate seriously, so for safety and accuracy, only the operation at low speed
is simulated.

Figure 20. Cage centroid trajectory at different axial forces. (a) 1000 N; (b) 1500 N; (c) 1800 N.
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5. Conclusions

In this paper, the dynamic model of FPCBB is established according to the multi-body
dynamics simulation software ADAMS and its subroutine GFOSUB, which makes full
use of the advantages of ADAMS in solving dynamic equations with high stability. The
correctness of the dynamic model is verified by comparing the theoretical calculation results
with the static simulation results of the cage speed and bearing load distribution. The
effects of rotating speed and load on the stability of the cage are evaluated with the indexes
of vortex radius ratio and vortex speed deviation ratio of the cage centroid trajectory. A
test bench is established, and measurement methods of the cage speed and centroid vortex
trajectory are proposed. The motion stability of cage reflects the stability of bearings;
therefore, it is of practical significance to master the operation law of cage and guide the
application of four contact point ball bearing. Some conclusions have been given as follows:

The dynamic bearing load curve is similar to the static load curve in overall trend,
but the dynamic load curve is less stable than the static load curve, due to the existence of
collision force between components.

The cage stability is affected by rotating speed and load conditions. The vortex radius
ratio and the vortex velocity decrease and then increase as the inner ring getting faster.
When the axial load is small, these two indicators are relatively stable, but after the axial
force exceeds 3000 N, the cage becomes more and more unstable. Under both axial load
and radial load, the increased radial force reduces cage stability.

The experimental results verify the rationality of the simulation results to a certain
extent. It also verifies the feasibility of the speed and centroid vortex trajectory measurement
method proposed in this paper. For different four-point contact ball bearings, further
simulation and experiments are needed to verify the conclusions of this paper.
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Abstract: Based on a dynamic analysis of rolling bearings, the equations for rocker arm full-type

needle bearings were established by considering the traction coefficients of FVA-M reference lubricat-

ing oil, and then they were solved by the GSTIFF (Gear Stiff) integer algorithm with variable steps.

The influence of working conditions on friction power consumption and the lubricant’s convective

coefficients were investigated. Then, on the basis of the heat generation and heat transfer mechanisms,

the frictional power consumption was used as the boundary condition of the bearings’ simulation

model. Finally, temperature fields were calculated by the finite element method. The results showed

that the overall value of frictional power consumption increased gradually with the increase in either

the radial load or the rotation speed. The presence or absence of lubricating oil film in the contact

area affected the heat conduction of the bearing, resulting in a temperature difference. Compared

with the temperature of the radial load exerted on the bearing, the maximum temperature was more

sensitive to the variations in the rotation speed. When running under the conditions of a fatigue life

test, the steady-state temperature value of the bearing gradually decreased from the outer raceway to

the needle roller and the outer ring surface, and then to the central shaft. The maximum temperature

rise was 25.9 ◦C relative to the ambient temperature.

Keywords: full-type needle bearing; dynamics performance; temperature fields; lubricating oil

1. Introduction

A rocker arm full-type needle bearing is used between a cam and a rocker to control the
reciprocating movement of a valve lever in completing the intake and exhaust functions [1].
Due to the complex structure of the valve train and the flexible and changeable positions of
the components, it is necessary to analyze the dynamics and temperature field of the valve
train under different loads and speeds [2,3]. Dynamic performance analysis can determine
the stress and friction torque of the main contact parts of the bearing, thereby determining
the heat source value that can affect the bearing’s performance. The changes in bearing
temperature caused by frictional heat will cause the thermal deformation of components,
greatly affecting the internal structural dimensions of the bearing [4]. A reduction in the
working clearance can lead to damage on the surface of the rolling bearing and, in severe
cases, shorten the life of the bearing. Those phenomena will affect the running accuracy of
the bearing and cause varying degrees of harm to the engine.

Thermal analysis of rolling bearings is the study of the heat generated by friction
between bearing components and lubrication. The friction properties of the lubricants affect
the tribological behavior of the rolling bearings [5,6]. Palmgren [7] carried out friction tests
on bearings of various types and sizes, and regressed the test data to obtain an empirical
formula for calculating bearing friction torque. Ma et al. [8] classified and discussed the
existing experimental research regarding heat generation and heat transfer of bearing
components, and briefly described the calculation method of combining theoretical models
to predict the thermal problems of high-speed bearings. Hatazawa et al. [9] established a
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mathematical model of the friction torque of thrust needle roller bearings and studied the
influence of working conditions and structural parameters on the dynamic performance
of thrust needle roller bearings, but that study did not mention the thermal analysis of
the bearings. Li et al. [10] used ADAMS software to analyze the dynamics of cylindrical
roller bearings and determined the friction and positive pressure between the rolling
elements and the inner raceway at different positions. Then, they analyzed the contact stress
between rollers and the inner raceway with ANSYS Workbench. Based on the dynamic
method, the friction heat inside the bearing was obtained. On the basis of this information,
the temperature field of the bearing was analyzed. Wang et al. [11,12] established an
analysis model based on the quasi-static method to calculate the heat source of high-
speed cylindrical roller bearings and studied the effects of speed, load, lubricating oil,
and working temperature on heat generation. Subramaniam et al. [13] used the Finite
Element Method to analyze heat transfer in a ceramic conventional ball bearing and study
the heat dissipation, temperature profile, and thermal stresses occurring in a bearing as a
function of rotational speed. Liming et al. [14] used the finite element method to calculate
the temperature field of the sliding block under different loads and speeds, and verified
the feasibility of the finite element method in analyzing the temperature field.

For the finite element method to solve the bearing temperature field problem, the
accurate determination of the boundary conditions determines the accuracy of the bearing
thermal analysis. In the process of determining the boundary conditions, most of the current
literature assumes that the bearing’s rolling elements have the same heat transfer form
during the rotation of the bearing. The above review of the relevant literature indicated
that the internal temperature of the bearing was generally evenly distributed, and the
calculation of the bearing was based on the heat in the stable operation stage. The research
results were obtained by using the finite element method to deal with such boundary
conditions and were verified by experiments; the results were comparable to previous
experimental data, such as the data provided in [15,16].

Many previous studies focused on the calculation of the friction torque based on the
lubrication and the load effects to determine the heat source of the needle roller bearing.
However, the variations in the elasto-hydrodynamic traction coefficient affect the interaction
force of the bearing’s elements. Based on dynamic analysis, the programming language
FORTRAN was used in this paper to compile custom functions to realize the analysis of
the force balance of various components in the bearing. The heat of bearings lubricated
by FVA-M lubricating oil was calculated. Considering the heat transfer coefficient of the
lubricating oil film in the contact area, steady-state thermal analysis was used to determine
the internal equilibrium temperature field of the bearing.

2. Dynamic Model of a Rocker Needle Roller Bearing

The research object was a certain type of rocker arm full-type needle bearing, which
is used for the rocker arm valve mechanism and mainly includes an outer ring in rolling
contact with the engine camshaft. A central shaft is fixed on the rocker arm, and multiple
rolling elements are arranged between the outer ring and the central shaft. Together, these
components form the rocker bearing.

When the bearing is working, the central shaft is fixed. Therefore, it is assumed that
the central shaft is connected with the ground in the dynamic analysis, and only the outer
ring rotates together with the action of the cam. The axis of rotation is along the X direction.
The center of mass of each component coincides with the center of gravity, and the surface
of the component is an ideal surface. In order to establish a dynamic model of the bearing,
the following three coordinate systems, shown in in Figure 1, were defined: {O; X, Y, Z}
is a fixed coordinate system;

{
oo; xo, yo, zo

}
is a coordinate system of the outer ring; and{

orj; xrj, yrj, zrj

}
is the center of the mass coordinates of the needles.
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Figure 1. Coordinate systems.

Based on the following assumptions, Newton’s law of motion and classical Euler
dynamic equations can be used to derive the force and motion of the components of the
rocker needle roller bearing, as follows:

1. The contact deformation between the needle roller and the raceway conforms to
Hertzian elliptical contact theory, and the contact state is full line contact.

2. The influences of the frictional moment caused by the skew and tilt of the needle in
motion are not considered.

3. The needle rollers are evenly distributed in the initial state of simulation, with a
certain circumferential clearance.

2.1. Motion Analysis of Needle Rollers

The movement relationship among the components is shown in Figure 2. The central
shaft is fixed. Suppose the rotation angular velocity of the outer ring is Ωo, and the needle
rollers’ revolution angular velocity is Ωm, rotating at a uniform speed. If the needle rollers
are fixed, the movement of the bearing assembly can be equivalent to the angular velocity
of the outer ring (Ωo −Ωm), and the angular velocity of the central shaft relative to the
needle roller is Ωm. Therefore, the velocities of the contact area can be obtained, which are
→
Vrj,

→
V i,
→
Vo, respectively.

→
Vrj =

1

2
Dw
→
ωrj (1)

→
V i =

1

2

(
Dwp − Dw

)→
Ωm (2)

→
Vo =

1

2

(
Dwp + Dw

)(→
Ωo −

→
Ωm

)
(3)

The relative sliding speeds of the contact points between the central shaft, the outer
ring raceway, and the needle rollers and adjacent rollers are shown as Equations (4)–(6),
respectively.

→
V ij =

→
V i −

→
Vrj (4)

→
Voj =

→
Vo −

→
Vrj (5)

∆
→
Vrj =

→
Vrj −

→
Vr(j+1) (6)
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where the subscript ‘i’ represents the central shaft; ‘o’ represents the outer ring; ‘r’ represents
the needle roller; ‘j’ represents the needle number; ω is the angular velocity of the needle
roller; Dwp is the center diameter of the needle roller group; and Dw is the needle diameter.
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Figure 2. Motion and load status of full-type needle bearing: (a)Motion status; (b) Load status.

2.2. Force Analysis of Needle Roller

As shown in Figure 3, Ni
j and No

j are the normal contact forces between the jth needle

and the raceway. Ti
j and To

j are the traction forces between the jth needle and the raceway.

Mi
Nj and Mo

Nj are the moments caused by the normal contact force. Mi
Tj and Mo

Tj are the

moments caused by traction forces between the jth needle and the raceway. Frj is the

centrifugal force of the jth needle roller; qi
jm, qo

jm are the normal contact forces between the

mth needle roller and the raceway. Ti
jm, To

jm are the traction forces between the mth needle

roller and the raceway. n is the number of slices of the needle roller. The calculation of the
forces and moments can then be carried out [17].
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Figure 3. Schematic diagram of needle forces.
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On the basis of the dynamic relationship, the nonlinear equation of the jth needle roller
can be written as follows:





mr
..
yrj = No

j cos ϕj − Ni
j cos ϕj − Frj cos ϕj

+Ti
j sin ϕj − To

j sin ϕj

mr
..
zrj = −No

j sin ϕj + Ni
j sin ϕj + Frj sin ϕj

+Ti
j cos ϕj − To

j cos ϕj

Jrx
.

ωrx = Ti
j

Dw
2 + To

j
Dw

2

Jry
.

ωry = Mi
Tj cos ϕj + Mo

Tj cos ϕj −Mi
Nj sin ϕj

−Mo
Nj sin ϕj

Jrz
.

ωrz = −Mi
Tj sin ϕj −Mo

Tj sin ϕj −Mi
Nj cos ϕj

−Mo
Nj cos ϕj

(7)

where mr is the mass of the needle;
..
yrj and

..
zrj are the displacement accelerations of mass of

the jth needle mass center in {O; X, Y, Z} ; Jrx, Jry, and Jrz are the moments of inertia under
the needle in {O; X, Y, Z}; and

.
ωrx,

.
ωry, and

.
ωrz are the angular accelerations of the needle

in {O; X, Y, Z}.
The interaction model between two adjacent rollers is shown in Figure 2. According to

the theory of contact and collision between rigid bodies, the expression of the mathematical
model of the force of adjacent rollers is obtained as follows:

Frj(j+1) =

{
0 (q ≤ q1)

Kn(q1 − q)− cmax
.
qstep(q, q1 − d, 1, q1, 0) (q > q1)

}
(8)

where q is the distance variable; q1 is the relative speed;
.
q is the derivative of the relative

speed; e is the exponent of the force; Kn is the stiffness coefficient; cmax is the maximum
damping coefficient; d is the cut-in amount when the damping reaches the maximum value;
and step (*) is the step function.

Therefore, the friction force f between adjacent needle rollers can be obtained as follows:

frj= µFrj (9)

fr(j+1) = −µFr(j+1) (10)

The traction coefficient µ, relating to the sliding speed between the needle rollers, can
be determined according to the given traction model.

2.3. Nonlinear Equation of the Outer Ring

Similarly, the dynamic equation of the outer ring can be obtained via the following
equations from the relationship between motion and force:





mo
..
yo = ∑

RN
j=1

(
−No

j cos ϕj + To
j sin ϕj

)
− Fr

mo
..
zo = ∑

RN
j=1

(
No

j sin ϕj + To
j cos ϕj

)

Jox
.

ωox = ∑
RN
j=1 To

j
Dw
2

Joy
.

ωoy = ∑
RN
j=1

(
Mo

Tj cos ϕj −Mo
Nj sin ϕj

)

Joz
.

ωoz = ∑
RN
j=1

(
−Mo

Tj sin ϕj −Mo
Nj cos ϕj

)

(11)

where mo is the mass of the outer ring;
..
yo and

..
zo are the displacement accelerations of the

center of mass of the outer ring in inertial coordinate system {O;X,Y,Z} ; Jox, Joy, and Joz are
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the moments of the outer ring in inertial coordinate system {O;X,Y,Z},
.

Ωox,
.

Ωoy and
.

Ωoz

are the angular accelerations of the outer ring in inertial coordinate system {O;X,Y,Z}; Fr is
the radial load; and RN is the number of needle rollers.

In the above equations, the traction coefficient µjm of the oil is a variable value, which
is obtained through experiments. The calculation formula of the oil traction coefficient
is fitted from the test data according to the Gupta’s four-parameter model. The FVA-M
lubricant was provided by German Schaeffler Company; its traction coefficient was tested
using the lubricant traction characteristic test ring, and can be expressed in the following
equation [18]:

µjm= (A + BS)e−CSjm + D (12)





A =− 0.5164W
0.7102

U
0.5353

T
−0.4159

B = 4.6747× 104W
−0.0725

U
0.2831

T
0.079635

C = 3.4129× 10−6W
−0.021

U
0.274

T
−0.4796

D = 0.5164W
0.7102

U
0.5353

T
−0.4159

(13)

where W is the dimensionless load parameter; U is the dimensionless speed parameter; T
is the dimensionless temperature parameter; and Sjm is the sliding-rolling ratio (the ratio of
the sliding velocity to the rolling velocity) at the contact point between the mth slice of the
jth needle and the inner or outer raceways.

3. Heat Generation and Heat Transfer Calculation Model for Rocker Needle
Roller Bearings

3.1. Calculation Model of Heat Generation for Rocker Needle Roller Bearings

Due to a certain friction phenomenon among the rolling elements, the raceways, and
the lubricating film, the bearing friction is not constant. According to Palmgren, the total
frictional power consumption of a bearing should be determined by the frictional power
between the rolling element and the ring, caused by the load and the lubricant’s viscous
frictional power consumption when the bearing is at a medium speed and subjected to
a medium external load. Harris [19] modified the overall calculation of bearing friction
power consumption through experiments based on Palmgren’s work. He proposed a
calculation method for local heat generation that takes into account the six major factors of
rolling bearing friction. The dynamic parameters of the bearing can be analyzed by using
a computer program, and then the local frictional heat calculation formula of the bearing
element can be solved simultaneously.

Based on the local heat generation model proposed by Harris, the total friction power
consumption of a rocker arm full-type needle bearing is comprised of the friction power
consumption caused by the elastic hysteresis between the needle rollers and the raceways,
the friction power consumption caused by the sliding friction between the needle rollers
and the raceways, the friction power consumption caused by the viscous resistance between
the oil and the bearing components, and the friction power consumption caused by the
sliding between adjacent needle rollers.

3.1.1. Frictional Power Consumption Caused by the Elastic Hysteresis between the Needle
Rollers and the Raceways

When the needle roller rolls on the central shaft and the outer ring raceway, the
frictional power consumption due to the elastic hysteresis of the material can be calculated
as follows:

ME = ∑
RN

j=1 ∑
n

m=1
(ξ

√√√√ πq
i(o)
jm

2ηDw

δ
i(o)
jm ) (14)

ER= ME

∣∣∣ωi(o) −ωm

∣∣∣ (15)
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where ξ is the elastic hysteresis coefficient of the material, which is 0.01 preferable for steel;

η is the comprehensive elastic constant of the two contact bodies; and δ
i(o)
jm is the elastic

deformation between the mth slice of the jth needle roller and rings.

3.1.2. Friction Power Consumption Caused by Sliding Friction between the Needle Rollers
and the Rings

When the needle roller rolls on the central shaft and the outer ring raceway, the
frictional power consumption caused by relative sliding can be calculated as follows:

ED = ∑
RN

j=1 ∑
n

m=1
(µ

i(o)
jm q

i(o)
jm ∆v

i(o)
jm ) (16)

where µi
jm and µo

jm are, respectively, the traction coefficients of the oil film between the

mth slice of the jth needle and the inner and outer raceways, which are obtained by
interpolation from the relationship between the slip-roll ratio and the elasto-hydrodynamic
tration coefficient; and ∆vi

jm and ∆vo
jm are, respectively, the relative sliding speeds between

the mth slice of the jth needle and the inner and outer raceways.

3.1.3. Friction Power Consumption Caused by Viscous Resistance

Due to the stirring effect of the lubricating oil during the rotation of the needle, the
frictional power consumption caused by the lubricating oil film formed at the contact
between the rolling elements and the inner and outer raceways is calculated as follows [17]:

Eoil =
∫ 2π

0

1

8
CdρmDwl(Dwpωr)

2dϕ (17)

where Cd is the flow resistance coefficient; ρm is the density of oil and gas mixture; l is the
length of needle roller; and ϕ is the position angle of the needle roller.

3.1.4. Sliding Friction Power Consumption between Adjacent Needle Rollers

The frictional power consumption due to the contact and collision between adjacent
rollers can be expressed as follows:

Er = ∑
RN

j=1
µFrj

∣∣∣∣∆
→
Vr

∣∣∣∣ (18)

The total frictional power consumption can be expressed as follows:

E = ER + ED + Eoil + Er (19)

3.2. Heat Transfer Calculation Model for Rocker Needle Roller Bearings

For a bearing system, heat convection mainly includes the convection between the
lubricant and the surface of the inner or outer raceway and the convection between the
lubricant and the surface of the needle rollers. When the lubricant is oil, the performance
of the lubricating oil film has a greater impact on improving the working conditions and
the service life of the bearing; the convection of the lubricating oil film in the contact area
should also be considered. The convection coefficient can be approximately calculated by
Equations (20)–(21).

3.2.1. Convective Coefficient between Lubricant and Bearing Element Surface

α1= 0.332
k

Dx
P

1
3

r (
Vx

υ0
)

1
2

(20)

where k is the thermal conductivity of the lubricant; Pr is the Prandtl number of the
lubricant; ν0 is the kinematic viscosity of the lubricating oil; Dx is the radius of rotation, the
outer ring taking the groove bottom diameter Do, the central axis taking the groove bottom
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diameter Di, and the roller needle taking Dwp; Vx is the velocity of bearing component,

Vx = π

60 nrDx; nr =
1
2 (ni(1− Dw

Dwp
)+no(1 +

Dw
Dwp

)); nr is the revolution speed of the needle

roller; and ni and no are the speeds of the central shaft and the outer ring, respectively.

3.2.2. Thermal Conductivity of the Lubricating Oil Film in the Contact Area

α2 =k/Hi(o)0 (21)

where Hi(e)0 is the average center oil film thickness.
According to the analysis of Hertz, the contact state of the needle roller and the raceway

under the load state is line contact. Higginson and Dowson provided a numerical solution
to the linear contact elasto-hydrodynamic lubrication problem, and a method for calculating
the thickness of the linear contact elasto-hydrodynamic oil film, as detailed in [20]. The
formula for the dimensionless minimum oil film thickness is calculated as follows:

Hmin= 2.65
G0.54U0.7

W0.13
(22)

hmin = [2.65α0.54(η0U)0.7R0.43L0.13]/(E‘0.03W0.13) (23)

The relationship between the average center oil film thickness and the minimum oil
film thickness is shown as follows:

H0 = 4/3 × hmin (24)

where U and W are the introduced intermediate variables related to speed and load; G = αoilE0;
E0 is the equivalent elastic modulus; and αoil is the lubricating oil viscosity coefficient.

3.3. Friction Power Consumption Solve Process

The Fortran language was used to program the bearing element interaction force and
bearing friction power consumption calculation custom subroutines, and to link the rocker
arm full-type needle bearing to complete the simulation analysis modules. The solution
procedure of the dynamics differential equations is shown in Figure 4. The initial conditions
of dynamics differential equations—namely, the relative position and the motion vector
of various components—are obtained based on the initial estimated values of the bearing
component’s position and motion constraint. Then, the dynamic differential equation of
the rocker arm full-type needle bearing is established, and the Gear stiff (GSTIFF) integer
algorithm with variable steps is used to solve it. Equations (6)–(13) can be solved by the
GSTIFF variable-step integration algorithm to obtain the dynamic characteristics of the
bearing. To verify whether the error meets the convergence error set, it was set to 1 × 10−3.
If “yes” (see Figure 4), the process continues to the next solution after obtaining the outputs
of the motion parameters. If “no” (see Figure 4), the process is to choose a smaller step
value and repeat the solving until the solving error meets the convergence error. Finally,
the frictional power consumption of the rocker arm full-type needle bearing is calculated
by Equations (14)–(19).
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−

Figure 4. Solution procedure of dynamic of differential equation.

4. Simulation Analysis and Results

The bearing was selected as the simulation example, as is typical of a rock arm
application, and its design parameters are shown in Table 1. The ambient temperature was
40 ◦C, FVA-M lubricating oil was used for lubricant, and the bearing material was GCr15.

Table 1. Basic parameters of the bearing.

Parameters Value

Outer diameter/mm 24
Outer ring width/mm 6.9

Central shaft width/mm 17.3
Pitch diameter/mm 16.4

Needle diameter/mm 2
Needle length/mm 6.8
Number of rollers 26

4.1. The Influence of Working Conditions on Bearing Frictional Heat Value

In order to analyze the value of frictional heat, the outer ring initial speed was set
as 7000 rpm, and the radial force was 2000 N~4500 N. The initial radial load was set as
3000 N, and the outer ring speed was 4000 rpm~9000 rpm. By solving the dynamics model,
the minimum oil film thickness, the force of adjacent rollers, the half width of the contact
area, and the contact force of the bottom roller can be calculated. The results obtained
from the dynamic simulations are shown in Table 2. Furthermore, the partial and overall
frictional heat can be extracted during the stable working of the full-type needle bearing.
Figures 5 and 6 depict the variations, in average values with working conditions.

From the perspective of the primary and secondary heat sources, the order of internal
heat generation is as follows: heat generated by needle rollers stirring oil, heat generated
by sliding between needle rollers, and heat generated by elastic hysteresis or differential
sliding. It has the same distribution law as other common heat generation models. The
heat generated by the mixing of rolling elements and lubricating oil is the main part. The
full-type needle bearing that only bears a radial load has load-bearing and non-loading
areas, which affect the operation of the bearing and change the speed of the rolling element
at this place of transition. The phenomenon generates contact collision force and friction
between needle rollers, so the sliding heat generation between the rolling elements of
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the full-type needle bearing follows. The heat value caused by the elastic hysteresis and
differential sliding in the dynamic process is very small.

Table 2. The results obtained from dynamic simulations.

Speed/r/min Radial load/N
The Minimum
Inner Oil Film
Thickness/mm

The Minimum
Outer Oil Film
Thickness/mm

Contact
Width/mm

The Contact
Force/N

The Force of
Adjacent
Rollers/N

4000

3000

2.30 × 10−4 2.70 × 10−4 0.0297 479 0.64

5000 2.80 × 10−4 3.40 × 10−4 0.0297 479 0.67

6000 3.10 × 10−4 3.50 × 10−4 0.0297 479 1.17

7000 3.40 × 10−4 3.90 × 10−4 0.0297 479 1.42

8000 3.70 × 10−4 4.20 × 10−4 0.0297 479 1.72

9000 4.00 × 10−4 4.60 × 10−4 0.0297 479 2.54

7000

2000 3.70 × 10−4 4.20 × 10−4 0.0242 320 1.18

2500 3.50 × 10−4 4.00 × 10−4 0.0271 400 1.47

3000 3.40 × 10−4 3.90 × 10−4 0.0297 479 1.42

3500 3.30 × 10−4 3.80 × 10−4 0.0322 638 1.38

4000 3.30 × 10−4 3.80 × 10−4 0.0343 728 1.36

4500 3.20 × 10−4 3.70 × 10−4 0.0365 818 1.52

− −

− −

− −

− −

− −

− −

− −

− −

− −

− −

− −

− −
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Figure 5. The influence of radial load on heat generation.

From the perspective of the change in heat generation with working conditions,
the change in speed has a braking effect on the change in heat generation. Due to the
gradual increase of the lubricating oil film thickness with the increase of the speed and the
centrifugal force of the rolling elements, the value of the heat generated also gradually rises.
However, the change in radial load barely affects the change in frictional heat generation.
The frictional heat generation rises slightly with an increase in radial load.
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Figure 6. The influence of speed on heat generation.

4.2. Calculation of Convective Coefficient

4.2.1. Convective Coefficient between the Bearing’s Components and the Heat
Transfer Medium

In the working of open bearings, it is not only necessary to consider the convection
of the lubricating oil on the surface of the bearing component, but also to consider the
convection between air and the surface of the component. he convective coefficient between
the bearing components and the heat transfer medium at different speeds may be calculated.
The results are shown in Figures 7 and 8.
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Figure 7. The influence of speed on the convective coefficient of oil.
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Figure 8. The influence of speed on the convective coefficient of air.

4.2.2. Thermal Conductivity Coefficient of Oil Film

During the rotation of oil-lubricated bearings, the two friction pairs between the
contact areas are often separated by a layer of oil film to reduce friction and improve
the bearing capacity of the bearing. Therefore, it is necessary to consider the thermal
conductivity coefficient of the contact oil film between the needle roller and rings of the
bearing. The changes of the thermal conductivity coefficient with the radial load and the
outer ring speed are shown, respectively, in Figures 9 and 10.
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Figure 9. The influence of radial load on the heat transfer coefficient of oil film.
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Figure 10. The influence of speed on the heat transfer coefficient of oil film.

From Figure 9, it can be seen that as the load increases, the convective coefficient in
the contact area gradually increases. This is because when the shear force and pressure
inside the oil film increase, it is difficult to form a lubricating oil film in the contact area.
Therefore, it causes the thickness to gradually decrease. From Figure 10, it can be seen that
as the rotation speed increases, the convective coefficient of the contact area decreases. This
phenomenon is mainly caused by the lubricating oil film on the contact areas, which forms
easily and gradually increases.

4.3. Thermal Analysis Simulation Process

The finite element method can be used to obtain the temperature field of each com-
ponent of the bearing by solving the discretization area. Because the calculation model
is consistent with the actual structure, the finite element method can clearly calculate the
balance of each component in the cross-section and in the adjacent area. At the same time,
the temperature distribution can better characterize the heat loss. The above descriptions
are of two basic thermal field solving problems—namely, steady-state temperature field
analysis and transient temperature field analysis. In the process of bearing service, the
equilibrium temperature reached by the bearing neither generates heat nor loses heat. It is
the operating temperature at which the bearing is running smoothly.

Because the bearing is a symmetrical rotating assembly, each needle roller has the
same form of heat generation and heat transfer during high-speed rotation. It is assumed
that the axial thermal characteristics of the system are consistent, and that the heat transfer
only occurs in the radial direction [21]. In the working process, forced convection occurs
between the lubricating oil and the needle rollers, as well as in the inner and outer raceway
surfaces of the bearing. Natural convection occurs between the contact area of the end of
the central shaft and the outside part of the shaft with the outside air. The friction heat
generated by the bearing is evenly distributed to the needle roller and the ferrule, in a ratio
of 1:1 [22].

4.3.1. Thermal Boundary Conditions

In ANSYS Workbench, the bearing is modeled and meshed according to known
parameters. The finite element model of the bearing is meshed by a mapping method. The
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meshing produces a total of 114,578 elements and 525,468 nodes. The divided model is
shown in Figure 11.

Figure 11. Meshed model.

In the software, we entered the material properties, such as Young’s modulus, the Pois-
son ratio, the density, and the thermal conductivity. We set the bearing material properties
in ANSYS and added the thermal conductivity of the bearing material to 40.1 W/(m·K).
Figure 12 shows the boundary conditions for the steady-state temperature field analysis of
the bearing. The main settings in the steady-state temperature analysis module included
three types of boundary conditions. The first type of boundary condition was setting the
ambient temperature to 40 ◦C, i.e., the temperature of the bearing components and the
external environment. The second type of boundary condition was applying a thermal load
to the bearing and loading a calorific value in the form of heat flow to the inner and outer
surfaces of the rolling element and the raceway in the contact area. The heat generation of
the bearing was mainly on the raceway surface and the needle roller surface in the contact
area. Therefore, according to the calculation results in Figures 5 and 6, the heat generation
of the inner ring, the outer ring, and the needle rollers were distributed, respectively, to
the three contact surfaces. The third type of boundary condition was applying the oil film
convective coefficient to the contact pair and loading the convective coefficient of the air or
lubricating oil on the inner and outer rings and the outer surfaces of the rolling elements.
Among them, the convective heat transfer coefficients of the outer ring, the central shaft,
and the surface of the needle rollers were set according to the calculation results in Figures 7
and 8, respectively. The properties of the oil film in the thermal analysis were considered as
the value of the oil film conductivity coefficient in the contact pair setup. The value was
related to the oil film thickness and the thermal conductivity of the lubricating oil. This
was regarded as the thermal resistance between the two contact pairs. The above boundary
conditions included the heat transfer and the heat dissipation boundary conditions of
the bearing.
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Figure 12. Boundary conditions for steady-state temperature field analysis.

4.3.2. Analysis of Steady-State Temperature Field

1. The influence of oil film thermal conductivity coefficient on bearing temperature.

In order to analyze whether the convective coefficient of the lubricating oil film affects
the heat dissipation inside and outside the bearing, a “path” from the center of the central
axis along the positive direction of the Y axis to the outer surface of the outer ring could be
set. In addition, the temperature on the “path” could be studied under the two conditions
of the oil film convective coefficient and no-oil film convective coefficient. The law of
change is shown in Figure 13. It can be seen from the temperature distribution that, due to
the compact structure of the needle roller bearing, the temperature difference between the
internal parts of the bearing was small. The temperature range of the bearing had the same
distribution in each needle and contact area, and only changed in temperature along the
radial direction.
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Because the outer ring rotates and the load mainly acts on the outer ring, the heat
generated in the contact area between the needle roller and the outer ring is greater than the
heat generated between the needle roller and the central shaft in the dynamic simulation.
Accordingly, in the temperature field analysis, it can be seen that the temperature from the
central shaft core to the outer ring rose and then decreased gradually, and the temperature
was highest at the contact point between the needle rollers and the outer ring. In addition,
when there was no heat transfer coefficient of the lubricating oil film, it meant that the
bearing needles were in direct contact with the outer ring and the central shaft. As a
result, the heat conduction effect was better, and the bearing temperature difference was
smaller. However, when there was a lubricating oil film heat transfer coefficient, the
temperature difference between the inside and outside of the bearing was large. The above
phenomenon indicated that the lubricating oil films affected the heat conduction in the
bearing contact area.

2. The influence of operating parameters on bearing temperature.

Using the local heat generation model, the frictional heat generation, and the convec-
tive coefficient obtained in Section 4.1 as the boundary conditions for the temperature field
calculation, the bearing temperature under different loads and different speeds could be
calculated. The maximum temperature of the outer ring raceway, the needle roller, and the
central shaft surface could be extracted.

Figure 14 shows the effect of different radial loads on the maximum temperature when
the outer ring rotated at a speed of 7000 rpm and an initial temperature of 40 ◦C. It can be
seen that the maximum temperature rise was in the outer ring raceway. The maximum
temperature value gradually decreased from the outer ring raceway, the outer surface of
the outer ring, and the needle roller surface to the central shaft surface. The radial load
had no effect on the heat generation of the needle roller bearing. Therefore, under the
radial load of 2000 N~4500 N, the temperature of the bearing gradually increased, and the
maximum temperature value was between 65 ◦C and 70 ◦C.
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Figure 14. The influence of radial load on the maximum temperature of the bearing.

Figure 15 shows the influence of different speeds on the maximum temperature at a
radial load of 3000 N and an initial temperature of 40 ◦C. It can be seen that the maximum
temperature rise was also in the outer ring raceway. The maximum temperature value
gradually decreased from the outer ring raceway, the outer ring outer surface, and the
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needle roller surface to the central shaft surface temperature. When the speed was 9000 rpm,
the maximum bearing temperature was 85 ◦C.
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Figure 15. The influence of speed on the maximum temperature of the bearing.

5. Discussion of Simulation Results

In order to verify the correctness of the simulation method in the study, its results
were calculated and compared based on the reliability test conditions of a full-type needle
bearing for rocker arms of the same specifications. The rated dynamic load of the bearing
was calculated as 8.6 KN. The limit speed was referred to in the SKF bearing catalog
(sample) for the needle roller bearings of the same specification. The test lubricating oil
was engine oil 10W-30, and its performance was similar to that of the FVA-M lubricating
oil. The test conditions that were determined are shown in Table 3 [23].

Table 3. Test condition for bearing.

Parameters Value

Load/N 2580
Rotational speed of outer ring/rpm 7000

Lubricant engine oil 10W-30
Oil temperature/◦C 40

Ambient temperature/◦C 40

The following points can be observed from Figure 16. The highest temperature
distribution was on the raceway. Similarly, the raceway surface was the most prevalent
failure site due to excessive temperature, which was consistent with the results of [10].
Considering the influence of load and speed, the maximum temperature of this bearing
under the selected FVA-M lubricating oil was 65.9 ◦C, and the maximum temperature rise
was 25.9 ◦C. That proved the rationality of the bearing conforming to the tribological design.
On the one hand, the working load used in the simulation analysis was 0.2~0.3 times the
rated dynamic load, and the working speed was 0.2~0.6 times the limit speed within the
rated thermal speed range of the bearing specified in the fatigue life test. As a result, the
temperature variation range was in line with the national standards of bearing life and the
reliability test and evaluation [24]. In other words, the bearing temperature rose generally
and did not exceed 55 ◦C above the ambient temperature, and the maximum temperature
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of the outer ring of the bearing did not exceed 95 ◦C when lubricated by circulating oil.
On the other hand, the same thermal boundary conditions as those in [15] were used in
the thermal analysis of the example bearing. It is believed that when the bearing rotates
at a high speed, the temperature of all parts of the raceway is basically uniform. When
the bearing was modeled, the temperature coupling of the inner and outer ring surfaces,
respectively was performed. It was proved by the related temperature field experiment
that the simulation results were basically in agreement with the experimental data.

 

Figure 16. Temperature distribution under test conditions.

Thermal analysis using the finite element method can significantly enhance calculation
efficiency and repeatability. In future work, we can design a thermal study of the ANSYS
and Adams co-simulation based on the bearing model acquired in the secondary-built
Adams commercial program. MATLAB was used to process the steady friction power
consumption and convection coefficient, and the ANSYS parameterized command flow was
invoked to complete the thermal analysis of the bearing. This allowed for the optimization
of bearing structure characteristics, as well as for the analysis of working conditions.
The method developed for analyzing bearing thermal behavior can be applied to the
examination of comparable bearings. This research is extremely important for tribological
design and bearing application choices.

6. Conclusions

Combined with the dynamic method of rolling bearings, the friction power consump-
tion of full-type needle bearings for rocker arms under FVA-M oil lubrication is clarified.
This work established a dynamic model, and the influence of the working conditions on the
bearing temperature field, from the perspective of theoretical analysis and finite element
calculation, was analyzed. The main conclusions are as follows:

1. The multi-body dynamics method was used to obtain the dynamic performance of
bearing, and the influence of friction power consumption on the bearing temperature
was studied. The results showed that as the speed increases, the frictional power
consumption of the bearing increases, and the maximum temperature of the bearing
gradually increases. With the increase in the load, the frictional power consumption
gradually increased, and the maximum temperature of the bearing also gradually
increased. Compared with the speed, the load change had a relatively small effect on
the temperature of the bearing.
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2. We selected appropriate boundary conditions in the bearing thermal model to study
the steady-state temperature field. The results showed that the temperature of the
outer raceway is the maximum, and the temperatures of the needle roller surface, the
outer ring surface, the inner raceway, and the central shaft core decreased, in order.
The temperature difference between the inside and outside of a bearing was affected
by the lubricating oil film in the contact area of the bearing. The presence or absence
of the oil film can affect the temperature difference within and between the bearing
and its external environment.

3. According to an analysis of the heat generation characteristics of the bearing under
the influence of multiple factors, the heat value created by the collision and sliding in
a full-type needle bearing accounted for a considerable share. As a result, effective
lubrication and timely lubricant replenishment should be employed in bearing appli-
cations. Under a high-speed condition, the influence of bearing thermal effects must
also be considered. The temperature distribution of the bearing showed regularity. In
addition, the highest temperature was distributed at the raceway. The high tempera-
ture rise reduced the hardness of the material, resulting in a contact fatigue failure
between the needle roller and the raceway. To avoid that, the characteristics of the
bearing material should be improved by controlling the heat treatment.
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Abstract: Spindle stiffness is one of the most critical indicators for evaluating and measuring the

service performance of spindles. The traditional static stiffness indexes only involve static analysis

and rarely focus on the study of spindle-carrying capacity under operating conditions. In this paper,

the explicit solution approach is used to develop a mechanical model of the spindle’s axial operating

stiffness. This model was then used to explore the influence of rotational speed on the softening and

hardening features of the spindle axial operating stiffness, and experimental verification was carried

out. According to studies, the speed of a fixed-position preload spindle can lead its operating stiffness

to exhibit a “stiffness-hardening” feature. However, when the axial displacement of the spindle is

small, the operating stiffness curve of the spindle displays a noticeable “fluctuation” phenomenon

for low-speed spindles. Furthermore, the speed-induced preload has a significant impact on the test

results when testing spindle axial operating stiffness.

Keywords: axial operating stiffness; stiffness hardening; stiffness softening; machine tool

1. Introduction

Cutting forces are the most common external loads applied to machine tool spindles
and are widely regarded as the best performance estimator for machining operations [1–3].
Spindle stiffness of the machine tool, which reflects its capacity to resist deformation when
subjected to external loads, is one of the most essential indicators for evaluating the service
performance of a spindle [4–6]. Low spindle stiffness causes chatter [1], unwanted back
cutting, and excessive cutter tilt, all of which affect the cutting surface quality [7–9] and
the machining accuracy [10,11], as well as causing the rolling elements of the spindle
bearing to slip, aggravating spindle component wear [12] and weakening machine tool
reliability [13–15]. As a result, high stiffness becomes one of the most important aims in
precision machine tool spindle design [16].

Spindle static stiffness is a regularly used metric for measuring and evaluating spindle
stiffness under constant or slowly variable quasi-static loads [17]. Static and dynamic
analysis are two approaches to study spindle static stiffness [18]. The static analysis
of spindle static stiffness has been investigated previously and is considered to be rather
advanced. D. Olvera [18] proposed a static stiffness measurement method along the turning
center kinematic chain, and analyzed the tool tip radial stiffness of turn-milling centers.
With the help of a loaded double-ball bar and linear variable differential transformer,
Laspas [19] proposed a new method to measure and identify the full translational stiffness
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matrices of the five-axis machining center by using the quasi-static circular trajectory, and
realized the accurate identification of the quasi-static stiffness of the five-axis machine
tool. As the accuracy of spindle machining improves, the spindle’s service speed must also
increase. When the spindle is rotating, however, the state characteristics are very different
from when it is halted. Based on the proposed thermo-mechanical model of the spindle
system, Li [20] discovered that while the spindle is operating at high speed, the clearance of
its components is much different from that at standstill, and this has a considerable impact
on spindle preload and component temperature. Subsequently, Li [21] then evaluated the
transient preload of a fixed-position preload spindle in real-time and discovered that at
8000 rpm, the preload rose from 483 N at standstill to 720 N, while the bearing temperature
increased from 24 ◦C to 36.5 ◦C. Large variations in the machine spindle’s characteristics
during operation are sure to impair the spindle stiffness performance, which, in turn, affects
the machine tool’s quality and efficiency. As a result, the dynamic analysis of spindle static
stiffness (in this paper, referred to as operating stiffness to distinguish it from static and
dynamic stiffness) is gaining attention.

In order to better investigate the effect of dynamic effects generated by spindle opera-
tion on its static stiffness, A. Matsubara [22] designed a magnetic loading device to measure
the radial operating stiffness of the spindle and found that the velocity and thermal effects
can lead to significant softening and hardening characteristics in the spindle radial stiffness.
Wang [10] proposed a three-step identification algorithm for spindle radial stiffness based
on stiffness theory modeling, which solves the difficult problem of the measured value
being often coupled in the spindle-tool stiffness during spindle radial operating stiffness
testing, and improves the accuracy of spindle radial operating stiffness testing. For drilling
machines, vertical spindle surface grinders, and other axially loaded machine tools, the ax-
ial operating stiffness of the spindle system should be of increased importance throughout
its entire life cycle. Tsuneyoshi [23] discovered that the spindle axial load–axial displace-
ment curve showed a non-linear relationship in his investigation into spindle preload
testing methodologies. Li [4] further explored the non-linear relationship of the spindle
axial load–displacement curve and found that the machine tool spindle static stiffness
exhibits hardening and softening characteristics depending on the preload. However, the
speed-induced centrifugal effect generates a non-linear change in bearing stiffness, which
will inevitably lead to a change in spindle stiffness, as the bearing stiffness determines the
overall stiffness of the spindle bearing [24,25]. It is a pity that the influence of spindle speed
on the softening and hardening characteristics of the axial operating stiffness of machine
tool spindles has not been discovered in any of the preceding studies.

In this paper, the spindle axial operating stiffness of a widely configured fixed-position
preload spindle for precision machine tools was investigated. The explicit solution approach
is used to develop a mechanical model of the spindle’s axial operating stiffness. This model
was then used to explore the influence of rotational speed on the softening and hardening
features of the spindle axial operating stiffness. A spindle operating stiffness test bench was
also created to evaluate the model’s validity and accuracy, with the impact of speed-induced
preload on spindle operating stiffness being studied in particular.

2. Axial Operating Stiffness Model of Spindle

In this section, an explicit solution approach is used to build an angular contact ball-
bearing mechanics model and analyze the relationship between speed, preload, and contact
angle. Following that, an analytical model of the fixed-position preload spindle operating
stiffness is constructed based on the spindle preload principle and the aforesaid bearing
mechanics model. The influence of speed on the axial operating stiffness of the machine tool
spindle can be investigated by adjusting the speed parameter in the spindle stiffness model.

2.1. Bearing Mechanics Model

Different service conditions, such as external load and speed, vary the bearing contact
angle. In general, when a bearing is assembled, a certain preload is given to minimize
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bearing clearance to achieve the desired bearing stiffness, accuracy, and other characteris-
tics [26,27]. The bearing contact angle will change from the initial contact angle αf to αp, and
the outer raceway groove curvature center, ball center, and inner raceway groove curvature
center will all be co-linear at this point (as shown in Figure 1). When the bearing rotates,
the centrifugal force and gyroscopic moment effect generated by the speed act on the ball,
causing the outer raceway groove curvature center, ball center, and inner raceway groove
curvature center to lose co-linearity, and the ball-inner contact angle αi and the ball-outer
contact angle αo to no longer be equal.

α α

α
α

 
 
 
 
 

α α

δ

Figure 1. Bearing contact angle variation diagram: (a) free state; (b) withstand preload; (c) rotation status.

According to Ref. [4], the contact angle of the bearing with preload applied can be
calculated as:

αp = arcsin




Ao sin α f + δab√
A2

o cos2 α f +
(

Ao sin α f + δab

)2


 (1)

where αp means the bearing contact angle with preload applied; αf indicates the initial
contact angle of the bearing, Ao is the distance between raceway groove curvature centers;
and δab means the axial displacement of the bearing.

When the bearing rotates, the ball is subjected to centrifugal force and gyroscopic
moment, as shown in Figure 2. The centrifugal force can be split into two components: the
component force Fu in the normal direction and the component force Fw parallel to the
tangential direction of the contact point. The bearing load distribution is affected differently
by the two components of centrifugal force. The component force Fu increases the normal
load in the bearing outer ring on the ball, whereas the component force Fw compresses
the ball farther against the bearing inner and outer rings. The ball center travels along the
force’s direction when component force Fw is applied. At this time, the ball-inner and the
ball-outer contact angles are no longer equal, satisfying Equation (2).

1

tan αo
− 1

tan αi
=

7

5

ZFc

Fp
(2)

where Z indicates the number of balls in the bearing; Fp means preload applied to bearing;
and Fc refers to centrifugal force, which can be calculated from Equation (3).

Fc =
dm

2
mbω2

c (3)
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where dm denotes diameter of bearing pitch circle; mb refers to ball mass; and ωc is bearing
cage speed.

ω

α α

α α

δ

α α

δ
α α

Figure 2. Parameter variation and load distribution on the ball after bearing rotation: (a) bearing ball

load distribution; (b) variation in bearing groove curvature center position.

In order to construct a system of equations for calculating the contact angle αo and αi,
another set of functional relationships is required in addition to Equation (2). According to
the relationship between the curvature position of each bearing groove shown in Figure 2b,
the contact angles αo and αi can also be derived from Equation (4).

(ao + δo) cos αo + (αi + δi) cos αi = (ao + ai) cos α f (4)

where a indicates the distance between the raceway groove curvature center and the ball
center and δ indicates the ball-race deformation. The subscripts o and i, respectively,
concern outer ring and inner ring.

According to the explicit solution algorithm of Ref. [28], the ball-inner contact an-
gle αi and the ball-outer contact angle αo can be obtained by combining the system of
Equations (2) and (4).

The bearing axial displacement δab under the preload force Fp can be obtained by
substituting the results of the contact angles αo and αi into Equation (5).

δab = (ao + δo) sin αo + (ai + δi) sin αi − (ao + ai) sin α f (5)

2.2. Spindle Axial Operating Stiffness Model

With fixed-position preload, the combined bearing’s axial relative position remains
constant throughout use. Figure 3 depicts a schematic representation of the fixed-position
preload spindle construction. When the spindle bearings are mounted back-to-back, the
variation in width between the inner and outer spacers can modify the preload.

According to the analysis in Section 2.1, the relationship between the axial load Fab

and its corresponding axial displacement δab can be obtained. Here, Fab and δab satisfy the
following relationship for convenience:

Fab = f (δab, n) (6)
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where f (·) represents the non-linear mapping relationship and n refers to the spindle
bearing speed.

δ δ

δ δ

δ δ

δ
δ

Figure 3. One side of the spindle is not completely unloaded during the pressure phase: (a) fixed

position preload spindle construction; (b) spindle load distribution.

As shown in Figure 3b, the initial preload of the spindle is assumed to be Fp, and the
load distribution of its front and rear bearings satisfies the following relationship:

Fp = f (δ1, n) = f (δ2, n) (7)

where δ1 donates the pre-deflection of the front bearing and δ2 means pre-deflection of the
rear bearing.

The spindle system is gradually subjected to axial pressure, which increases the stress
on the front bearing of the spindle while lowering the force on the rear bearing. When the
axial displacement of the spindle δa is less than the pre-deflection of the rear bearing δ2, the
force relationship of the spindle is given as:

f (δ1 + δa, n) = Fa + f (δ2 − δa, n) (8)

Continue applying axial pressure until the spindle axial displacement δa equals or
surpasses the rear bearing pre-deflection δ2 (as shown in Figure 4), the rear bearing is
completely unloaded, and the axial load is borne entirely by the spindle’s front bearing.
The force relationship for the spindle can now be expressed as:

f (δ1 + δa, n) = Fa (9)

The analytical process remains the same when the spindle is subjected to axial tension.
The spindle system is gradually supplied axial tension, and as the force on the rear bearing
grows, the force on the front bearing of the spindle diminishes. Before the front bearing of
the spindle is entirely unloaded (i.e., the axial displacement of the spindle δa is less than the
pre-deflection of the front bearing δ1), so the force relationship of the spindle is as follows:

Fa + f (δ1 − δa, n) = f (δ2 + δa, n) (10)

Continue to apply axial tension until the axial displacement δa of the spindle is greater
than or equal to the pre-deflection of the front bearing δ1, at which point the front bearing
of the spindle is completely unloaded and the axial load is completely borne by the rear
bearing of the spindle. The force balance equation of the spindle can be given as:

Fa = f (δ2 + δa, n) (11)
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δ
δ

δ
δ

δ

Figure 4. One side of the spindle is completely unloaded during the pressure phase: (a) fixed-position

preload spindle construction; (b) spindle load distribution.

By solving the preceding Equations (7)–(11) together, the relationship between axial
load applied to spindle Fa and its associated axial displacement δa can be obtained. Subse-
quently, the spindle axial operating stiffness Ka can be calculated, as given in Equation (12).

Ka =
dFa

dδa
(12)

3. Effect of Spindle Speed on Spindle Axial Operating Stiffness

According to Ref. [4], the preload has a softening and hardening influence on the axial
static stiffness of the spindle. Therefore, this paper explores the effect of speed on the axial
operating stiffness of the fixed-position preload spindle by adjusting the spindle bearing
speed parameters in the model under working circumstances with varying initial preload,
with simulation results given in Figures 5 and 6. Among them, the bearing model utilized
in the theoretical simulation is NSK®7014CTYNSULP4, the dimensional parameters of
which are provided in Table 1.

 

Figure 5. Effect of speed on axial operating stiffness of fixed-position preload spindle (preload:

200 N): (a) axial load–displacement curve; (b) axial operating stiffness curve.
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Figure 6. Effect of speed on axial operating stiffness of fixed-position preload spindle (preload:

1000 N): (a) axial load–displacement curve; (b) axial operating stiffness curve.

Table 1. The bearing parameters (NSK®7014CTYNSULP4).

Parameters Values

Number of balls 20
Ball diameter 11.906 mm

Bearing pitch diameter 90 mm
Inner raceway groove curvature radius 6.19112 mm
Outer raceway groove curvature radius 6.19112 mm

Initial contact angle of bearing 15◦

Figure 5 shows that for the fixed-position preload spindle with a smaller initial preload,
the rotational speed has a greater influence on the load–displacement relationship and
axial operating stiffness (200 N). As seen in Figure 5, as the speed increases, the load–
displacement curve of the spindle becomes “smoother,” meaning that the overall axial
stiffness of the spindle reduces. In comparison to Figure 6, the spindle speed has less effect
on the load–displacement relationship and axial operating stiffness when the spindle’s
initial preload is greater (1000 N). Because the bearing stiffness “softening” effect caused by
rotational speed is more noticeable when the spindle preload is low, and the fixed-position
preload spindle stiffness is a parallel relationship between the spindle front and rear bearing
stiffness, the higher the spindle speed is, the lower the overall axial stiffness is. As shown
in Figure 7, when the spindle preload is higher, the “softening” effect of bearing stiffness
due to rotational speed is lessened, as is its effect on overall spindle stiffness.

Furthermore, as shown in Figure 5b, when the spindle is rotated, the axial displacement
at the stiffness mutation point is greater than the axial displacement at zero speed. In the
meantime, when the rotational speed increases, the axial displacement of the spindle’s axial
operating stiffness mutation point decreases.

The following are the reasons behind this: When the initial preload of the spindle
remains constant, the initial pre-deflection of the bearing decreases as the spindle speed
increases, but is greater than the pre-deflection at zero speed, which is the macroscopic
manifestation of the bearing “stiffness softening” effect caused by the spindle speed (as
shown in Figure 8). The spindle axial displacement must entirely balance the spindle’s
initial pre-deflection in order for the abrupt change in spindle axial operational stiffness to
occur. As a result, the axial displacement at the stiffness mutation point is larger than the
axial displacement at zero speed when the spindle is rotated. At the same time, when the
speed of the spindle rises, the axial displacement at the stiffness mutation point decreases.
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Figure 7. Single bearing axial operating stiffness at different speeds (bearing type: 7014C): (a) axial

operating stiffness–axial displacement curve; (b) axial operating stiffness–axial load curve.

 

Figure 8. Single bearing load–displacement curve at different speeds (preload: 200 N).

It can also be observed in Figures 5 and 6 that when the spindle speed increases, the
“sag” [1] in the axial stiffness curve of the spindle becomes more prominent (i.e., the spindle
axial stiffness increases with the gradual increase in axial displacement before the abrupt
change in spindle stiffness). When the spindle is rotating slowly, the axial stiffness of the
spindle fluctuates (not exactly monotonically increasing or decreasing) in the phase with
small displacement increments (e.g., −0.02 mm to 0.02 mm in Figure 6b). However, as the
spindle speeds up, the stiffness fluctuation is gradually suppressed. When the spindle is
operating at high speeds, the spindle axial stiffness displays a clear “sag” phenomenon,
which shows the “stiffness hardening” characteristic.

This is because while the spindle is under axial load, one side bearing of the spindle
progressively compresses while the other gradually unloads. Given that the fixed-position
preload spindle stiffness is equal to the parallel connection of the front and rear bearing
stiffness (superposition relationship) [4], the different change rates of single bearing stiffness
with speed will result in different softening and hardening characteristics presented by the
spindle axial operating stiffness.

When the spindle is at a lower speed, the local maximum and local minimum points
in the bearing stiffness change rate curve are relatively obvious (as shown in the curve of
the speed of 4000 rpm in Figure 9). The spindle pre-compression displacement value is
typically positive because the spindle bearing in service requires a sufficient preload to keep
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the inner and outer rings and balls in contact. When the spindle is loaded, the relationship
between the spindle pre-compression and the local maximum and local minimum values
of the change rate in bearing stiffness differs, resulting in the increase rate in bearing
stiffness on one side that differs from the decrease rate in bearing stiffness on the other.
Before the spindle bearing is completely unloaded, the spindle stiffness depends on the
superposition effect of the increase rate of the one-side bearing stiffness and the decrease
rate of the other-side bearing stiffness. At this time, there is a certain fluctuation of the
spindle axial operating stiffness (i.e., exhibiting the stiffness softening and hardening effect).
When the spindle bearing is completely unloaded, the spindle stiffness is transformed into
the single-side bearing stiffness, and the spindle axial stiffness increases with the gradual
increase in axial displacement (i.e., the spindle shows stiffness hardening characteristics).

−

Figure 9. Single bearing stiffness change rate (corresponds to Figure 7): (a) relationship between

stiffness change rate and axial displacement; (b) relationship between stiffness change rate and

axial load.

When the spindle is at a higher speed, the local maximum and local minimum points
in the bearing stiffness curve disappear gradually (as shown in Figure 9 for a speed of
8000 rpm), and the shape of the bearing stiffness curve resembles that of the bearing
stiffness curve at zero speed (similar to a “V” shape that slopes severely to the right). As the
spindle rotates, the axial displacement at the minimum point of the spindle stiffness change
rate curve is very close to the axial displacement at the point of abrupt change in spindle
stiffness, so the spindle pre-compression displacement is generally much larger than the
axial displacement corresponding to the minimum value of the spindle stiffness change
rate curve. Thus, at the stage where the front and rear bearings of the spindle are jointly
loaded, the increase rate of one-side bearing stiffness is always greater than the decrease
rate of the other-side bearing stiffness, and the axial stiffness of the spindle increases with
the gradual increase in the axial displacement. When the spindle axial displacement is
greater than the pre-deflection of single-side bearing, the spindle bearing is completely
unloaded, and the spindle axial stiffness is transformed into the other-side bearing stiffness,
and the spindle axial stiffness increases with the gradual increase in axial displacement.

4. Experimental Verification

As indicated in Figure 10, a test rig was built to investigate the spindle axial operating
stiffness experimentally. The fixed-position preload experimental spindle is a mechanical
spindle that is driven by an electric spindle and has a variable-frequency motor to change
the speed. During the test, the system control and data acquisition box’s motor control
switch can be rotated to change the direction of motor rotation on the axial loading device.
Adjust the motor to rotate forward first, then apply axial pressure to the spindle with
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the axial loading device. Adjust the motor reversal and the axial loading equipment to
gradually release the axial pressure load to zero, and then provide a suitable amount of
axial tension to the spindle. Finally, adjust the motor to rotate forward again, and the axial
loading equipment will gradually reduce axial tension to zero. The force signal and related
displacement signal are automatically captured in real-time by the NI®9215 data collection
card during the test and sent to the computer for processing.

Figure 10. Spindle operating stiffness test rig.

The test spindle was set up in a back-to-back configuration, and the spindle’s initial
preload was set at 507 N by altering the width difference between the inner and outer
spindle spacers. Before the test, the spindle components were cooled to room temperature.
The influence of rotational speed on the spindle temperature field may be neglected here,
since the test duration for each group is so brief. The spindle preload increases after the
operation as a result of centrifugal load [29,30], and the change in spindle preload has a
bigger impact on the spindle axial operating stiffness [4]. As a result, the real preload of
the spindle at each speed of the experiment was computed during its execution. The test
speeds were 0 rpm, 3000 rpm, and 6000 rpm, with the results displayed in Figure 11.

From Figure 11a–c, it can be seen that when the spindle axial displacement is small,
the axial operating stiffness curve of the spindle with 0 rpm and 3000 rpm has certain
fluctuations, but when the speed reaches 6000 rpm, the spindle axial operating stiffness
curve fluctuation disappears, and the “sag” phenomenon appears, then the spindle exhibits
a “stiffness hardening” characteristic. In addition, it can also be seen that the experimental
results of the axial operating stiffness of the fixed-position preload spindle are consistent
with the theoretical simulation results, and the two are in good agreement, where the
maximum errors between the experimental and simulation results are 12.3%, 10.8%, and
10.5% for the spindle speeds of 0 rpm, 3000 rpm, and 6000 rpm, respectively. These errors
can be attributed to three factors. To begin with, the filtered experimental data are distorted,
and the filtering technique might be modified to lessen the error. Second, while bearing
stiffness is the primary determinant of spindle stiffness, the experimental spindle stiffness
also takes into account the stiffness of other spindle components, such as the draw bar
mechanism. To lessen the error, the theoretical model can be enhanced further. Finally,
there is a deviation between the real-time preload of the spindle and the true value of the
preload in this experiment, which may be improved with more study into the transient
preload measuring technique.
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Figure 11. Experimental test on the operating stiffness of spindle at different speeds: (a) experimental

testing (speed: 0 rpm); (b) experimental testing (speed: 3000 rpm); (c) experimental testing (speed:

6000 rpm); (d) experimental data comparison; (e) simulation data comparison (without considering

preload variation); (f) simulation data comparison (considering preload variation).

As shown in Figure 11d, it can be seen that when the spindle speed is high, the
spindle axial operating stiffness shows an obvious “sag” phenomenon, and the spindle
exhibits the “stiffness hardening” characteristic. When comparing Figure 11d–f, it is clear
that the experimental test findings in Figure 11d differ significantly from the simulation
results, without considering preload variation in Figure 11e, but the trend is similar and
less distinct from the simulation results when considering preload variation in Figure 11f,
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indicating that the change in spindle preload due to the speed factor has a large impact on
this experimental test of spindle axial operating stiffness and is an important factor causing
the change in spindle axial operating stiffness.

5. Conclusions

In this paper, the axial operating stiffness model of the fixed-position preload spindle
is proposed, and the effect of the rotational speed on the softening and hardening char-
acteristics of the spindle stiffness is studied based on the model. An experimental bench
for testing the axial operating stiffness of the spindle was built to verify the accuracy and
effectiveness of the model. In the analysis of the experimental results, the influence of
speed-induced preload on the spindle axial operating stiffness is specially analyzed. The
conclusions of the article are as follows:

1. For the fixed-position preload spindle with a smaller initial preload, the rotational
speed has a greater influence on the load–displacement relationship and axial oper-
ating stiffness. However, the spindle speed has less effect on the load–displacement
relationship and axial operating stiffness when the spindle’s initial preload is greater.

2. When the spindle is rotated, the axial displacement at the stiffness mutation point
is greater than the axial displacement at zero speed. In the meantime, when the
rotational speed increases, the axial displacement of the spindle’s axial operating
stiffness mutation point decreases.

3. When the spindle is rotating slowly, the axial stiffness of the spindle fluctuates in the
phase with small displacement increments. However, as the spindle speeds up, the
stiffness fluctuation is gradually suppressed. When the spindle is operating at high
speeds, the spindle axial stiffness displays a clear “sag” phenomenon, which shows
the “stiffness hardening” characteristic.

4. During the experimental test of the axial operating stiffness of the spindle, the change
in spindle preload due to the speed factor has a large impact on test results and is also
an important factor causing the change in spindle axial operating stiffness.
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Nomenclature

Capital Letter

Fa Axial load applied to spindle

Fab Axial load applied to bearing

Fc Centrifugal force

Fp Preload applied to bearing

Z Number of balls

Lowercase Letters

a Distance between the raceway groove curvature center and the ball center

dm Diameter of bearing pitch circle

mb Ball mass

n Spindle bearing speed
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Greek Letters

αf Initial contact angle of bearing

αp Bearing contact angle with preload applied

αi The ball-inner contact angle

αo The ball-outer contact angle

δ Ball-race deformation

δa Spindle axial displacement

δab Bearing axial displacement

δ1 Pre-deflection of front bearing

δ2 Pre-deflection of rear bearing

ωc Bearing cage speed

Subscripts

o Outer ring

i Inner ring
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Abstract: In recent years, deep learning has become prevalent in Remaining Useful-Life (RUL) pre-

diction of bearings. The current deep-learning-based RUL methods tend to extract high dimensional

features from the original vibration data to construct the Health Indicators (HIs), and then use the HIs

to predict the remaining life of the bearings. These approaches ignore the sequential relationship of

the original vibration data and seriously affect the prediction accuracy. In order to tackle this problem,

we propose a hard negative sample contrastive learning prediction model (HNCPM) with encoder

module, GRU regression module and decoder module, used for feature embedding, regression RUL

prediction and vibration data reconstruction, respectively. We introduce self-supervised contrast

learning by constructing positive and negative samples of vibration data rather than constructing any

health indicators. Furthermore, to avoid the subtle variability of vibration data in the health stage

to aggravate the degradation features learning of the model, we propose the hard negative samples

by cosine similarity, which are most similar to the positive sample. Meanwhile, a novel infoNCE

and MSE-based loss function is derived and applied to the HNCPM to simultaneously optimize a

lower bound on mutual information of the positive and negative sample over life cycle, as well as

the discrepancy between true and predicted values of the vibration data, such that the model can

learn the fine-grained degradation representations by predicting the future without any HIs as labels.

The HNCPM is validated on the IEEE PHM Challenge 2012 dataset. The results demonstrate that the

prediction performance of our model is superior to the state-of-the-art methods.

Keywords: positive and negative samples; contrastive learning; gated recurrent unit; remaining

useful-life prediction

1. Introduction

Bearings undergo an irreversible degradation process during use that eventually leads
to bearing breakdown. Via predicting the Remaining Useful Life (RUL) of bearings, one
can avoid missing the best time for maintenance [1] and remanufacturing [2]. However,
in realistic industrial scenarios, due to noise, variation in life cycle and other prediction
uncertainties [3], RUL prediction is a challenging issue [4].

Generally, RUL prediction of bearings is implemented in two different strategies [5]:
physically based approaches [6–8] and data-driven [9–12] approaches. Compared with
the former, data-driven RUL methods use historical data directly to build prediction
models, which avoids the difficulties in modeling of the physical model and has become
the prevalent approach in recent years [13–15]. For instance, Xia et al. used a denoising
autoencoder to classify the original signal into different degradation stages and extracted
representative features directly from the original signal using DNN. Then they obtained
RUL values for each stage using deep regression models [16]. Guo et al. proposed a
recurrent neural-network-based health indicator(RNN-HI) with fairly high monotonicity
and correlation values, which is beneficial to bearing RUL prediction [17].
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Among several data-driven methods, deep learning-based methods obtained consid-
erable results in bearing RUL prediction, which do not require manual feature design and
build an end-to-end deep neural network to map the relationship between the degradation
process and the original sensory data [18].

The existing deep-learning-based approaches usually construct health indicators (HI)
that can represent the degradation trend of bearing performance, then predict the degrada-
tion trend using deep-learning regression models [18]. The effectiveness of these approaches
largely relies on these HIs accurately modeling the degradation trend of bearings. However,
in real-world industrial applications, the degradation processes of different bearings are
diverse. The existing HIs usually describe the overall trend of the whole life cycle, but fail
to represent the changes of local details. Using these inappropriate HIs as model input will
directly restrict the prediction performance of the model.

Noted that the original time-domain vibration data of bearings contains the sequential
relationship with respect to the degradation trend of bearings, thus predicting that the
original vibration data, instead of any designed HI, can more accurately evaluate the model
performance. However, the time-domain vibration data changes slightly in the health stage;
the existing well-developed methods are less capable of capturing the latent features of the
bearing data at this stage.

To circumvent the aforementioned problems, we propose an end-to-end hard negative
sample contrastive learning prediction model, termed HNCPM. We construct a three-layer,
one-dimensional convolutional-based encoder module to map the high-dimensional origi-
nal vibration data to a low-dimensional feature space to facilitate the model’s computation.
Next, we adopt a Gated Recurrent Unit with a decoder module in this feature space to learn
the sequence relationship of vibration data for RUL prediction. Importantly, the HNCPM
introduces self-supervised contrastive learning to construct positive and negative samples
of vibration data, rather than supervised leaning via any HI labels. Considering there is
no significant variability between the positive and negative samples in the health stage,
thus we select the most similar negative sample to the positive sample as the hard nega-
tive sample via cosine similarity, to improve the fine-grained feature identification of the
model. Finally, we design the novel loss function of the model combining the Mean Square
Error(MSE) with infoNCE [19] for self-supervised training from the original vibration data.

The main contributions of this work are summarized as follows:

1. Unlike existing supervised RUL prediction methods, this study explores a more
practical self-supervised-leaning RUL prediction method that directly learns the
sequence relationship from the original vibration data instead of using any HIs as
labels for the model supervised training. We propose the HNCPM with the encoder
module, GRU regression module and decoder module, respectively used for feature
embedding, regression RUL prediction and vibration data reconstruction.

2. To encounter this dilemma that the subtle variability between the positive and negative
samples in the healthy stage makes the model fail to learn the latent sequence features,
we select the negative sample that is most similar to the positive sample as the
hard negative sample. Correspondingly, we design a novel loss function combining
the MSE with infoNCE loss to improve the fine-grained feature representation of
the model.

3. The performance of the proposed HNCPM is comprehensively evaluated on the IEEE
PHM Challenge 2012 dataset. The comparative experimental results show that the
HNCPM is superior for the excellent prediction accuracy than the state-of-the-art
methods with respect to different bearings.
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2. Related Works

2.1. Deep-Learning-Based Approaches for Rul Prediction

The existing deep-learning-based approaches usually include two steps: constructing
the bearing HIs for model training that can represent the degradation trend of bearing
performance, and designing the deep learning regression models to predict the degradation
trend (usually the HIs).

In terms of model design, it generally includes: CNN [20], RNN [21] and AE [22].
Xu et al. used the SAE to extract features of bearing data to construct HI [23]. Wang et al. [24]
applied deep separable convolutional networks to learn high-level representations from
the original signal and then predict RUL. Wu et al. [25] proposed Deep Long Short-Term
Memory (DLLSTM) networks, and Han et al. proposed a Transferable Convolutional Neural
Network(TCNN) to accurately predict the bearing RUL under different failure behaviors [26].

The common model structure can no longer fulfill the demand of researchers for
superior prediction, and many recent studies have combined the advantages of different
models to propose model variants. For instance, Luo et al. proposed a novel convolution-
based attention mechanism bidirectional long and short-term memory (CABLSTM) network
to achieve the end-to-end lifetime prediction of rotating machinery [27]. Meng et al.
proposed CLSTM by conducting convolutional operation on both the input-to-state and
state-to-state transitions of the LSTM to learn high-level features in the time-frequency
domain for RUL prediction [28].

With respect to the HI construction, i.e., the RUL labels, since the damage extent of
bearings cannot be directly observed, the RUL labels are almost unavailable in real-world
scenarios. Hence, there is no uniform criterion of HI construction for RUL prediction
models. The existing studies usually extracted the different fault characteristics from the
original sensory signal. She et al. [29] proposed a health indicator construction method
based on a Sparse Auto-encoder with a Regularization (SAEwR) Model for rolling bearings.
Zhang et al. used the summation of the mean maximum radius of the different datasets
divided by the k-means clustering algorithm as the health indicator, and then used the
local outlier coefficient algorithm to eliminate the outliers’ influence [30]. Li et al. designed
the generative adversarial network to learn the data distribution in the health states of
machines, using the output of the discriminator as HI [31].

In summary, the performance of the existing HIs-based deep-learning approaches
heavily relies on whether the HIs are constructed properly. Nevertheless, the models
usually fail to represent the changes of local details, while capturing the overall gradation
trend of the whole life-cycle of bearings, which restricts the prediction performance of
the models.

Therefore, in this paper we introduce self-supervised contrastive learnin, directly
using the original vibration data, rather than any HIs, to learn the sequential relationship
with respect to the degradation trend of bearings.

2.2. Contrastive Learning

Self-supervised learning is committed to avoiding the manually annotating large-scale
datasets by setting up pretext tasks to learn data representations [32–34]. The learning
process is unsupervised and the trained model can be used for multiple downstream tasks.
Among self-supervised learning, contrastive learning is the most widely concerned. It uses
discriminative modeling to learn useful representations of unlabeled data. Several con-
trastive learning models, e.g., MoCo [35], SimCLR [36] and BERT [37] provide competitive
results in comparison with supervised learning models within the pretext task of image
classification or next-sentence prediction.

Specifically, contrastive learning is a discriminative method that aims to compact
the similar samples and discriminate the dissimilar samples [38]. The models include:
similarity and dissimilarity distributions for sampling positive and negative samples of
the query, one or more encoders for each data pattern, and comparative loss functions for
evaluating a batch of positive and negative pairs.
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Given a set X = {xi | i = 1, 2, . . . , n} of n samples, for any input sample x, q is the
encoded representation of x, function q = f (x), denote k+, k−as a positive and negative
sample of the sample x.

s
(
q, k+

)
≫ s

(
q, k−

)
(1)

s is a measure of the similarity between the embedded vectors, or it can be a calculation of
the distance between the vectors.

To the best of our knowledge, there are limited studies that introduce contrastive
learning to the RUL prediction. Mohamed Ragab et al. [39] propose a contrastive adversarial
domain adaptation (CADA) method for cross-domain RUL prediction, which transfers
knowledge for RUL prediction from one condition(distribution/domain) to another. That is
no longer the problem dealt with in this paper. Our paper aims to discuss an unsupervised
RUL prediction approach to learn degradation representations from original vibration data
by using certain contrastive learning models.

Furthermore, with regard to existing contrastive learning approaches, the positive
samples generated by data enhancement of the original data (e.g., rotating, segmenting),
while samples are not generated from the same view, are negative samples from each other.
Such approaches of constructing samples ignores the role of negative samples in model
training. In fact, negative samples can teach learning models to correct their errors faster
in representation learning. More importantly, the information-rich counterexamples are
intuitively those that map far away from the positive sample but are closer to the positive
sample than to other negative samples [40].

Inspired by this idea, in this paper we construct positive and negative samples based
on the different temporal relationship of the vibration data, enabling the model to learn the
sequence features by discriminating whether the temporal relationship of the vibration data
is correct or not. Moreover, we construct hard negative samples to express the most similar
to the positive sample to improve the fine-grained feature representation of the model.

3. Proposed Method

As shown in Figure 1, the complete framework of the proposed method includes
construction of the positive sample and hard negative samples, the hard negative sample
contrastive learning prediction model and corresponding optimization function.

3.1. Positive Sample and Hard Negative Sample Construction

Without loss of generality, we denote that the original vibration data of bearing is

D = {bi}M
i=1, the positive sample dataset is DP = {XP, YP}, XP = {x1, x2, . . . , xN}, and

YP = {y1, y2, . . . , yN}, where xi =
[
bi, . . . , bi+timestep−1

]
and yi = bi+timestep, respectively.

The timestep is the timestep of the vibration sequence. In this paper, it is set to six.
Random yj(i 6= j) can form a negative sample with yi. We use the cosine similarity to

calculate the negative sample yj with the highest similarity to yi.

w(yi, yh) = max

(
yi, yj

)

‖yi‖ · ‖yj‖
yj ∈ YP, i 6= j (2)

when yj = yh, w is maximum, at which xi and yh form a hard negative sample, and xi and
yi form a positive sample. We use (xi, yh) to construct the hard negative sample dataset
DN = {XN , YN}, denote XN =

{
x′1, x′2, . . . , x′N

}
, YN =

{
y′1, y′2, . . . , y′N

}
.

Given a dataset C = {c1, c2, . . . , ck} of k random samples containing one sample from
XP and k− 1 samples from XN , corresponding prediction labels, the positive and negative
sample labels are P = {p1, p2, . . . , pk} and T = {t1, t2, . . . , tk}, respectively. Initialize the

positive and hard negative sample label set T = {ti}N
i=1.

ti =

{
1, ci ∈ DP

0, ci ∈ DN

(3)
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Figure 1. The proposed method.

3.2. Hard Negative Contrastive Prediction Model (Hncpm)

After the positive and negative sample pairs are generated based on the original

vibration data of bearing D = {bi}M
i=1, the feature sequence are extracted through an

encoder composed of three layers of a one-dimensional convolutional network, which
compresses the original vibration data into a low-dimensional feature space. Then, we
use a gated recurrent unit as a regression module to learn the sequence relationship of the
feature sequence. Finally a decoder composed of three fully connected layers predicts the
vibration data in future time-periods (i.e., RUL).

Unlike the existing supervised learning model to predict the HI labels for RUL, the
HNCPM directly predicts the vibration data in future time-periods with the purpose of
allowing the model to better fit the time domain graph curve of the original vibration data,
so the potential representation of the context is captured in the gated recurrent units and
the final prediction results are obtained through a decoder. The model structure is shown
in Table 1.

The feature encoder module composed of three convolutional layers is formulated
as follows:

x̂i = ReLU(Wc ⊗ xi) (4)

where ⊗ is the valid cross-correlation operator and Wc is the weight.
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Table 1. Model structural parameters.

No. Symbol Operator Shape Kernel Size Stride

1 Input Input signal (62,560) - -
2 Conv1d1 Convolution (6512) 4 4
3 Conv1d2 Convolution (6256) 2 2
4 Conv1d3 Convolution (650) 1 2
5 GRU prediction 50 - 1
6 FC1 Fully-connected 256 - -
7 FC2 Fully-connected 512 - -
8 FC3 Fully-connected 2560 - -

The regression module uses gated recurrent units, which can effectively suppress gra-
dient disappearance or exploding gradient when capturing long sequence data association.
It is better than traditional RNN and has less computational complexity than LSTM.

ri = σ(Wr · [hi−1, x̂i]) (5)

zi = σ(Wz · [hi−1, x̂i]) (6)

h̃i = tanh(W · [ri ⊙ hi−1, x̂i]) (7)

hi = (1− zi)⊙ hi−1 + zi ⊙ h̃i (8)

where hi is the hidden state at time i. ri, zi, h̃i are the reset, update, and new gates,

respectively. Wr,Wz, and W are the ri weight, zi weight, h̃i weight, respectively.
After the regression module, the decoder consisting of three fully connected layers is

used for decoder enhancement of the dimensionality of hi, with the following output:

ŷi = Wl · hi + b (9)

where Wl is the weight of the fully connected layers.

3.3. Optimization Function

The loss function of the model in this paper consists of two parts: (1) the regression
loss function L1; (2) the contrastive prediction loss function L2.

The regression loss function L1 uses the mean square error to predict the bearing data
of the next time period based on the vibration data of the previous time segment. The input
dataset is XP, YP for the model training. The loss function is as follows:

L1 =
1

N

N

∑
i=1

(ŷi − yi)
2 (10)

where N is the total number of samples.
The contrastive prediction loss function L2 is the loss function in f oNCE [19], which is

commonly used in contrastive learning. Feed set C into HNCPM, the output is
P̂ = { p̂1, p̂2, . . . , p̂k}.

According to previous study [19], the higher the density ratio function f ( p̂i, pi), the
larger the mutual information of p̂i and pi, and the more capable of predicting pi by p̂i. The
formula is as follows:

f ( p̂i, pi) = exp(s( p̂i, pi)) (11)

s( p̂i, pi) measures the degree of similarity between the predicted result F(ci) and pi.

s( p̂i, pi) = ĉi ⊙ pi (12)
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where ⊙ is the Hadamard multiplier.

L2 = −EP

[
log

f ( p̂i, pi)

∑ p̂i∈P f ( p̂i, pi)

]
(13)

Finally, the total loss function of HNCPM is as shown:

L = L1 + αL2 α ∈ (0, 1) (14)

where α is the hyperparameter.
The pseudo code of the algorithm for training is shown in Algorithm 1.

Algorithm 1 Hard Contrastive Prediction Model

Input:
original bearing samples: D = {b1, b2, . . . , bM}.
positive samples: XP = {x1, x2, . . . , xN}, yi =

[
bi, . . . , bi+timestep−1

]
, YP =

{y1, y2, . . . , yN}, yi = bi+timestep.

hard negative samples: XN =
{

x′1, x′2, . . . , x′N
}

, YN =
{

y′1, y′2, . . . , y′N
}

, YN select by (2).
F consists of encoder, gated recurrent unit, decoder. θ is the proposed model parameters.
xt is the test bearing data

1: while i < number of iterations do
2: for i to N do
3: x̂i = F(xi)
4: Compute loss L1 by (8)
5: Construct C and T by (3)
6: p̂i = F(ci)
7: Calculate the density ratio: f ( p̂i, pi) by (8),(9)
8: Compute infoNCE loss function L2 by (11)
9: Update θ by L = L1 + αL2 α ∈ (0, 1)

10: end for
11: end while
12: save F
Output: the model prediction F(xt)

4. Experimental Section

In this section, we use the IEEE PHM Challenge 2012 bearing dataset to validate the
effectiveness of the proposed method. The Mean Absolute Error (MAE) and Root Mean
Square Error(RMSE) are selected as indicators to evaluate the model performance. The
smaller the value of MAE and RMSE, the more superior the RUL model is. The MAE and
RMSE, respectively, are expressed as follows.

MAE =
1

N

N

∑
i=1

| pi − yi | (15)

RMSE =

√√√√ 1

N

N

∑
i=1

(pi − yi)
2 (16)

where yi denotes the true value of the sample, pi denotes the predicted value, and N is the
total number of samples.

4.1. Data Description

As shown in Figure 2, The PRONOSTIA test platform contains a rotating part, a load
part, and a data collection part. The motor power is 250 W. The power is transferred to the
bearing by the axis of rotation. The accelerated degradation experiments was conducted on
this platform to generate the run-to-failure vibration signal. The acceleration sensors are
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placed in horizontal and vertical directions to collect vibration signals under three working
conditions. The sampling frequency is 25.6 kHz. The vibration signal is recorded every
10 s, and each acquisition lasts 0.1 s. For example, under the first working condition, the
vibration signals of six bearings were collected, namely, bearing 1_2, bearing 1_3, bearing
1_4, bearing 1_5, bearing 1_6 and bearing 1_7. The motor’s rotation speed is 1800 rpm, and
the load is 4000 N.

Figure 2. PRONOSTIA test platform.

In the following different experiments, the vibration signals of bearing 1_2 are the
training set, while bearing 1_4, bearing 1_5, bearing 1_6, bearing 1_7, bearing 2_3, bearing
2_4, bearing 2_5, and bearing 2_6 are used as the testing set, respectively, as shown in
Table 2.

4.2. Weighting Factor Analysis

In Equation (12), the weights α of the loss function are empirically determined. Hence,
we perform several experiments to discuss their influence on the model performance.

Herein, the experiments α are taken as 0.1, 0.3, 0.5, 0.7, 0.9, 1, respectively. Bearing 1_4,
bearing 1_5, bearing 2_4, and bearing 2_6 are used as the test set and RMSE is used as the
model predictive ability index. For each series of experiments, we repeat the experiment ten
times and report the average performance. Figure 3 depicts the box plot of RUL prediction
results for four different bearings at different α.

When α = 0.1, the weight of L2 in the total loss L is too small and plays a low
optimization role in the model, resulting in poor prediction results in bearing 1_4, bearing
2_4, bearing 2_6. In contrast, when α = 1, the model is overly concerned with the fine-
grained recognition of vibration data, resulting in overfitting; thus the model has an
unsatisfactory generalization effect in testing bearing 1_5, bearing 2_4, and bearing 2_6.
When α = 0.7, our method performs best on bearing 2_6, and the maximum and minimum
values of RMSE are lower than other weights. It also has the same superiority on bearing
1_5 and bearing 2_4 compared with other weights. Considered comprehensively, the
prediction accuracy of the model is satisfactory when α = 0.7.
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Table 2. The details of PHM2012 dataset.

Data Set
Sample
Number

Sample
Dimension

Rotation
Speed

Load Division

Bearing 1_2 871 (8,712,560)

1800 rpm 4000 N

training

Bearing 1_3 1802 (18,022,560) testing

Bearing 1_4 1139 (11,392,560) testing

Bearing 1_5 2302 (23,022,560) testing

Bearing 1_6 2302 (23,022,560) testing

Bearing 1_7 1502 (25,022,560) testing

Bearing 2_3 1202 (12,022,560)

1650 rpm 4200 N

testing

Bearing 2_4 612 (6,122,560) testing

Bearing 2_5 2002 (20,022,560) testing

Bearing 2_6 572 (5,722,560) testing

Bearing 2_7 172 (1,722,560) testing

Bearing 3_3 352 (3,522,560) 1500 rpm 5000 N testing
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Figure 3. RUL prediction results with different weighting factor α.
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4.3. Ablation Experiments

In this section, we perform ablation experiments to verify the contribution of each
module in our model. We keep the model structure unchanged but without contrast
learning (termed as no-contrast), and GRU model without encoder and decoder modules
(termed as GRU) to compare with HNCPM. MAE is used as the predictive ability index of
the models. The experimental results are demonstrated in Figure 4.

Bearing1_3 Bearing1_4 Bearing1_5 Bearing1_6 Bearing1_7 Bearing2_3 Bearing2_4 Bearing2_5 Bearing2_6 Bearing2_7 Bearing3_3

ours 0.34060 0.36100 0.22880 0.28540 0.28390 0.27324 0.27180 0.28740 0.19870 0.27210 0.21760

no-contrast 0.37836 0.39413 0.27804 0.32751 0.32567 0.32082 0.31397 0.33053 0.25240 0.31556 0.27098

GRU 0.47423 0.57733 0.30971 0.39961 0.38638 0.40522 0.36851 0.41444 0.27047 0.36840 0.30223
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0.47423 0.57733 0.30971 0.39961 0.38638 0.40522 0.36851 0.41444 0.27047 0.36840 0.30223

Figure 4. Ablation experiment results.

HNCPM has the best superiority on bearing 2_6, which is 0.05 lower than the no-
contrast model and 0.07 lower than the GRU model. In addition, the model has the largest
MAE value on bearing 1_4, which is 0.03 and 0.22 lower than the no-contrast and GRU
model, respectively.

Moreover, compared to the GRU model, the no-contrast model has a better prediction
performance because it contains the feature extraction layer to extract high-dimensional
degradation features from the original vibration data, facilitating the RUL regression
prediction. However, no-contrast ignores latent sequence features during the training,
while HNCPM introduces contrast learning to improve the fine-grained model training and
improve the prediction efficiency compared to no-contrast. Overall, the prediction results
on all bearing data indicate that the proposed HNCPM method is significantly superior to
the other two models.

4.4. Comparison with State-Of-The Art Methods

In this section, our proposed HNCPM is compared with the state-of-the-art novel
rolling bearing health-prediction methods based on CNN and BiLSTM models [41], and
BiLSTM with attention mechanism [42]. In addition, we compare general encode and
regression model combinations (i.e., SAE+GRU, CNN+LSTM) to evaluate the model pre-
diction performance. MAE is used as the predictive ability index of the models. The overall
RUL prediction results using the aforementioned models are depicted in Figure 5.

It can be seen that SAE model has the worst performance. It is well known that SAE
has strong signal denoising ability, but its feature extraction ability in time series data is not
as good as CNN. Attention increases the weight of important features, but it also ignores
the bearing sequence information that is masked by noise, which results in an unstable
prediction performance on multiple bearings. Therefore, the performances of CNN-based
models are superior to the other model.
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Bearing1_3 Bearing1_4 Bearing1_5 Bearing1_6 Bearing1_7 Bearing2_3 Bearing2_4 Bearing2_5 Bearing2_6 Bearing2_7 Bearing3_3

ours 0.3406 0.3610 0.2288 0.2854 0.2839 0.2732 0.2718 0.2874 0.1987 0.2721 0.2176

SAE+GRU 0.4036 0.4192 0.2942 0.3489 0.3457 0.3459 0.3336 0.3528 0.2659 0.3368 0.2862

CNN+LSTM 0.3820 0.3937 0.2818 0.3316 0.3292 0.3264 0.3170 0.3356 0.2575 0.3194 0.2745

CNN+BiLSTM 0.3511 0.3741 0.2373 0.2940 0.2912 0.3264 0.3170 0.3356 0.2575 0.3194 0.2293

BiLSTM+Attention 0.5947 0.3623 0.2317 0.2903 0.3130 0.2815 0.2735 0.2768 0.2109 0.3547 0.2894
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Figure 5. RUL prediction results of different comparison models.

In addition, The MAE value of CNN+BiLSTM is, on average, 0.2 lower than CNN+LSTM,
as the BiLSTM improves the model prediction ability through backward prediction of past
bearing data through future data. However, BiLSTM has one more backward hidden layer
relative to LSTM, which boosts the number of model parameters and increases the model
overhead, and the prediction performance is not as efficient as HNCPM.

Compared with the other models, HNCPM has the smallest MAE value at bearing 2_6
and is 0.06 lower than the second-best model (i.e., CNN+BiLSTM). Meanwhile, HNCPM
has the largest MAE value at bearing 1_4, i.e., 0.361, but it is also at least 0.01 lower than
the other models. The experiments demonstrate that HNCPM has a superior performance
in RUL prediction.

4.5. Prediction Results Visualization

In this section, unlike the existing RUL prediction techniques which predict the degra-
dation index (DI) [41] or the root mean square(RMS) [42] from the vibration data, we use
manifold learning to visualize the fitting curve between the prediction and the original data
to evaluate the prediction performance of the model more intuitively. We use the vibration
data of the first 1800 time points to predict the remaining vibration data on bearing 1_3 and
bearing 2_3, respectively. Figure 6a,b are the original time domain vibration data of bearing
1_3 and bearing 2_3, respectively. Each time point of vibration data is 2560 in dimension. In
order to illustrate the prediction performance more intuitively, TSNE is used to transform
the 2560 dimension data of each time point into 1 dimension on bearing 1_3 and bearing
2_3, as in Figure 6c,d. The blue curve is the real vibration data; the orange curve is the
prediction data.

From Figure 6c, some of the prediction data are biased with the real data curve in the
rapid degradation stage because the vibration data of bearing 1_3 changes drastically at
the end of life, which is difficult for the prediction of the model. Meanwhile it can be found
from Figure 6d that the vibration data of bearing 2_3 changes slowly in the whole life-cycle;
thus, the prediction curve of model is more feasible to fit the real data curve.
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(a) (b)

(c) (d)

Figure 6. (a) Bearing1_3 data set; (b) bearing2_3 data set; (c,d) are the prediction fitting curves of

TSNE corresponding to (a,b), respectively. The blue represents the real data; the orange represents

the prediction.

5. Conclusions

In this article, we proposed a novel RUL prediction approach of bearings, termed
HNCPM, which introduces self-supervised contrast learning to directly use the original
vibration data for model training rather than any HIs as the RUL label, improving the
model’s ability to extract sequential relationships from the original data. Meanwhile, we
construct a hard negative sample and further design a novel loss function, combining
the MSE with infoNCE loss to address the dilemma for the model to learn fine-grained
degradation features due to the insignificant variation of positive and negative samples
in the bearing health stage. Our experimental results demonstrate the superiority of the
proposed HNCPM method for RUL prediction and the fine fit of the model predictions to
true RUL observed by manifold learning.
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