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Among the technological solutions that can be applied to waste heat recovery, the supercritical CO5 (sCO2) cycle
represents an innovative option. This work studies the performance of the single heated cascade sCO; cycle as the
bottomer power system of a 5 MW-class gas turbine and follows a former study of the authors about the partial
heating cycle. A number of parametric analyses has been carried out with attention paid to the selection of (i)
minimum and maximum CO; pressures, based on a compressor Mach number selected to avoid highly loaded
turbomachinery, (ii) maximum CO, temperature, and (iii) specific design parameters such as temperature dif-
ference at the cold side of the primary heater, recuperator effectiveness and single-stage radial-type turbine
efficiency, the latter calculated according to Aungier’s correlations by taking actual size and running conditions
into account. The results of this study suggest that around 1500 kW of net electric power can be recovered by the
single heated cascade sCO; cycle. This figure is not so different from the power output previously calculated for
the partial heating cycle as well as the specific cost of the technology, which is around 2000 $/kW, lower than a
possible competing technology for waste heat recovery applications as the organic Rankine cycle. Nevertheless,
the architecture investigated in this study needs two turbines which can rotate on the same shaft, but driving the
compressor at the same rotational speed of the two turbines is not possible, as emerges from preliminary con-
siderations about the size of the turbomachinery impellers.

In general, ORC has a better performance than the steam cycle for low-
temperature waste heat recovery [2], but at high temperatures the
organic fluid decomposition usually occurs. On the other hand, the su-
percritical CO3 (sCO3) cycle can outperform the existing Rankine cycles:
compared with the steam, sCOy has a higher density, resulting in
compact turbomachinery and heat exchangers; compared with the
organic fluid, sCO5 has good physical properties, namely non-toxic, non-

Introduction

Gas turbines are widely used technological solutions for power
generation thanks to their high power density, compact size and high
durability. Open cycle gas turbines are more widespread than closed
cycle units due to the higher turbine inlet temperatures that the former

can reach, making them more thermodynamically and economically
efficient as well as compact. The temperature of the combustion gases at
the inlet of the turbine within open cycle power systems can easily reach
and currently exceed 1500 °C. However, as the exhaust gas temperature
of the turbine is still high, there is a great amount of waste heat [1].

Nowadays, the steam Rankine cycle is the commonly available so-
lution for waste heat recovery from gas turbines in a combined cycle
architecture. The steam Rankine cycle has high thermal efficiency and
excellent capacity for recovering heat from the exhaust gas, but the size
of the cycle components is large because of the thermodynamic prop-
erties of water.

Unlike the steam Rankine cycle, the organic Rankine cycle (ORC)
technology employs an organic fluid instead of water to convert energy.
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corrosive, non-flammable. Moreover, sCO2 preserves unchanged all its
main physical properties at temperatures typical for applications of
waste heat recovery from gas turbines, unlike organic fluids which are
useless above 350-400 °C [3].

Supercritical CO; cycles for waste heat recovery

Initially proposed by Feher [4] and Angelino [5] around fifty years
ago, the supercritical CO2 power cycle has sparked an interest which is
increased rapidly in the last years [6], driven by the unique features of
this technology as reported above. In detail, it is important not only to
recover waste heat effectively in a single system, but also to keep high
cycle efficiency [7]. Researchers have proposed several sCO, power
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Nomenclature

A area, m>

AMC Acceleration Margin to Condensation
BOP balance of plant

D diameter, m

h specific enthalpy, J-kg!

HT high temperature

HTH high temperature heater

HTR high temperature recuperator
HTT high temperature turbine
LMTD  log mean temperature difference, K
LT low temperature

LTH low temperature heater

LTR low temperature recuperator
LTT low temperature turbine

m mass flow rate, kg-s™

Ns specific speed

ORC organic Rankine cycle

P pressure, Pa

P power, W

Q volumetric flow rate, m>s!
Q heat transfer rate, W

REC recuperator

SC specific cost, $-W

s specific entropy, J-kg*-K!
sCO4 supercritical carbon dioxide

SR speed ratio

T temperature, K

™ turbomachinery

TOT gas turbine outlet temperature, °C

u peripheral velocity, m-s™

18) overall heat transfer coefficient, W-m2-K

UA product of overall heat transfer coefficient and heat
transfer area, W-K!

y mass fraction

Greek letters

difference
€ effectiveness
n efficiency
p head coefficient
p density, kg-m™
@ flow coefficient
® rotational speed, rad-s!
Subscripts
C compressor
el electric
in inlet station
is isentropic
out outlet station
pol polytropic
T turbine

cycle layouts for waste heat recovery, which are novel and different
from the early sCO cycles [8] and usually consist of many heaters and
turbines. These cycles can be generally divided into categories, namely
“partial heating cycle”, “dual recuperated cycle”, “single heated cascade
cycle” as well as “dual heated cascade cycle” [8,9].

The partial heating cycle is shown in Fig. 1a, where two sCO5 streams
are separated at the outlet of the compression system: the first extracts
the exhaust heat in a low-temperature heater (LTH) and the second re-
covers heat in a recuperator (REC), then the two streams meet before

a)

primary heater

c)

entering a high-temperature heater (HTH). By using this configuration,
the temperature match in the heat transfer at the recuperator can be
improved and the gas temperature at the outlet of the low-temperature
heater (LTH) can be reduced. This power cycle has been studied in a
number of works [9-13].

Fig. 1b shows the layout of the dual recuperated cycle [9,13]. Once
again, the sCO, flow rate at the compressor outlet is always splitted into
two streams. One stream sequentially absorbs heat in a low-temperature
recuperator (LTR) and in the primary heater before expanding through a

primary heater

HTT

cooler

Fig. 1. Schematic layouts of sCO, cycles suitable for waste heat recovery: a) partial heating cycle, b) dual recuperated cycle, c) single heated cascade cycle, d) dual

heated cascade cycle.
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high-temperature turbine (HTT), whereas the second stream absorbs
heat in the high-temperature recuperator (HTR) before expansion
through a low-temperature turbine (LTT). Compared to the partial
heating cycle, always three heat exchangers and one cooler are used in
the dual recuperated cycle, but a second turbine is necessary.

Along with the layouts in Fig. 1a and 1b, other possible architectures
for waste heat recovery applications can be considered as the ones
originally proposed by Kimzey [14]. Fig. 1c shows the layout of the so-
called single heated cascade cycle, with two recuperation processes
before the cooler. Compared to the partial heating cycle in Fig. 1a, there
is only one heater and one more turbine, but compared to the dual
recuperated cycle in Fig. 1b it is possible to find the same number of
components with a different arrangement. Actually, the two recuper-
ators in the new cycle layout operate in series, wheres they are in par-
allel in Fig. 1b. This cycle has been widely investigated [9,13-16],
though literature results are quite conflicting when comparing this cycle
to other layouts. As a matter of fact, if Manente and Costa [13] calcu-
lated the superiority of the single heated cascade cycle in waste heat
recovery compared to both the partial heating cycle and the dual recu-
perated cycle, Wright et al. [9] or Kim et al. [16] reported better per-
formance for the partial heating cycle layout. In an effort to reduce the
heat rejection in the cooler, Kimzey [14] also proposed the so-called
dual heated cascade cycle, whose layout is shown in Fig. 1d. Once
again, the two recuperators are arranged in series. This cycle architec-
ture allows for a slightly higher flow rate through the cold side of the
low-temperature recuperator (LTR), which causes a slightly larger
amount of heat to be recuperated from the turbine outlet streams. The
main difference from the single heated cascade cycle is that the hot
exhaust gas is used to heat the high pressure sCO2 on the way to both
turbines. As the flow rate through the cold side of the low temperature
recuperator is slightly higher, the temperature profile tracks a little bit
more closely. Actually, the layout in Fig. 1d is more efficient than the
one in Fig. 1c [15,16]. Other more complex cycle architectures may be
found in literature [15-18], even including intercooled compression,
but the improvements are quite marginal compared to the performance
of the dual heated cascade cycle (see Fig. 1d).

Bottoming solutions to recover flue gas waste heat by sCO» cycles are
still the focus of current research. In detail, as reported by Yang et al.
[19], the methods are mainly divided into (i) studies of a variety of sCO5
cycles, optimized to select the preferable layout by comparing the values
of the objective functions, and (ii) improvements of the existing sCO2
cycles by proposing a new cycle layout and determining the system
performance based on the optimization of design variables.

Aim and novelty of the work

This work follows a previous paper dealing with the partial heating
cycle (see Fig. 1a) as the bottomer of a 5 MW-class gas turbine [20]. Gas
turbines with a few MW of power output are used for cogeneration,
distributed power generation in both onshore and offshore industrial
applications, industrial processes in the Oil & Gas industry, naval pro-
pulsion and mobile power generation. These power generation solutions
are interesting for their compactness even if they are less efficient when
compared to bigger turbomachinery, so a combined cycle architecture
with a sCO,-based system would maintain the advantage of compactness
and increase the overall efficiency.

In detail, the current work focuses on the single heated cascade cycle
(Fig. 1c), as an interesting cycle architecture based on a simple layout
with a limited number of components. According to the approach pre-
viously adopted by the authors [20], the selection of turbomachinery
efficiency results from the suggestions by Aungier for radial-type com-
pressors [21,22] and turbines [23] and a preliminary sizing of the
impeller for compressor and turbines is also proposed. As a matter of
fact, literature papers usually present performance cycle results based on
turbomachinery efficiency values that could be inconsistent with the
running specifications in terms of mass flow rate, enthalpy rise (for
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compressors) or drop (for turbines), rotational speed, rotor dimensions,
etc. Attention is also paid to the minimum pressure and temperature of
the cycle, i.e. to the inlet conditions for the compressor, based on con-
siderations related to the proximity to the critical CO; point. Economic
considerations are also included as specific cost figures of the investi-
gated technology.

Calculation assumptions for the sCO cycle

The single heated cascade sCO cycle is investigated as the bottomer
of a small size gas turbine, whose main features are reported in Table 1
[24]. This gas turbine has the best simple cycle efficiency compared to
competing machines of the same power output class and the exhaust gas
temperature is suitable for steam generation in case of application for
combined heat and power.

In the next paragraphs, some considerations are reported about (i)
the sCO; conditions at the compressor inlet, (ii) the selection of the ef-
ficiency values for turbines and compressor, and (iii) a basis for the
economic assessment of the sCO3 cycle.

Use of the REFPROP database, as developed by the National Institute
of Standards and Technology of the United States [25], has been made
for the calculation of the thermodynamic properties of CO3, according to
the equation of state proposed by Span and Wagner [26]. In detail, the
REFPROP database has been integrated with the Microsoft Excel solver
to calculate the sCO, cycle performance.

Some assumptions of heat exchanger effectiveness, temperature
difference between the streams at the ends of the primary heater, fluid
pressure drops, etc. are detailed in Table 2 for cycle calculations.
Actually, the values assumed for recuperator effectiveness as well as for
pressure drops in the sCO, paths through the heat exchangers are
consistent with the suggestions by Weiland and Thimsen [27]. Auxiliary
power demands are assumed based on previous works by the authors
dealing with power cycles [28-30], whereas a slightly lower value has
been selected for the organic-electrical efficiency for taking into account
not only the electric generator but also the several auxiliaries such as
gearbox systems, variable frequency drives, instrumentation and control
systems, oil lubrication, oil cooling and purge gas management systems
and CO;, make-up systems.

On the other hand, specific considerations are necessary for setting
further input assumptions as discussed in the next paragraphs.

Minimum cycle temperature and pressure

Calculations of sCO; cycles usually assume compressor inlet condi-
tions relatively near to the two-phase region. In detail, the sCO, tem-
perature is minimized for lower compression work and a minimum cycle
temperature as low as 32 °C is selected in a number of literature works
[31-38]. However, this near-critical inlet condition brings a few chal-
lenges for the compressor design and the potential for phase change
through the compressor should be taken into account [39-41]. As a
matter of fact, phase change could occur at the compressor inlet due to
local flow acceleration and the related reduction in static pressure and
temperature [42]. In the current work, reference to the Acceleration
Margin to Condensation (AMC) is made. It is a non-dimensional criterion
proposed by Monje et al. [39,40] to quantify the margin between the
expected fluid properties in the inducer of the compressor and the
saturation line.

Table 1

Main features of the Kawasaki M5A gas turbine [24].
Electric output, kW 4710
Heat rate, kJ/kWh 11030
Thermal efficiency, % 32.6
Exhaust gas temperature, °C 511
Exhaust mass flow rate, kg/s 17.4
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Table 2

Assumptions for sCO, cycle calculations.
Recuperator effectiveness, % 90
AT on the heater cold side, K 20
Ap on the heater cold path, kPa 200
Ap on recuperator cold path, kPa 140
Ap on recuperator hot path, kPa 280
Consumption of cooling auxiliaries, kWe-MW ™! 15
Organic-electrical efficiency, % 90

Looking at Fig. 2a, where the total fluid conditions at the inlet of the
compressor are set in the supercritical region, the isentropic static point
where condensation would ideally occur is calculated by modelling an
isentropic expansion down to the saturation pressure (or temperature)
[39,40]. The Mach number resulting from this isentropic expansion is
the Acceleration Margin to Condensation [39,40].

Fig. 2b shows AMC variations with compressor inlet pressure for
three selected temperatures for the sake of simplicity. AMC values in
Fig. 2b are calculated with reference to Fig. 2a as regards entropy values
greater than the one at the critical point. In the case of lower entropy, the
horizontal critical temperature is considered.

Although undesired phenomena of two-phase flows at the impeller
throat should be avoided if the inlet Mach number is chosen far from the
AMC, the proper AMC value should be selected based upon the partic-
ular specifications and operating strategy of the system under analysis.
In particular, Monje et al. [39] suggested a threshold value of 0.6. Based
on this figure, the minimum temperature for the sCO- cycle investigated
in the current work is precautionarily set at 40 °C. As a matter of fact,
this temperature results in a larger range of allowable pressures
compared to lower temperatures. Thus, the compressor should not be
exposed to the above-mentioned risks and cold carriers for sCO cycle
heat rejection are not required, without limiting the applicability only to
some specific geographical areas.

In detail, after fixing the compressor inlet temperature at 40 °C,
values in the range from the critical pressure (73.77 bar according to
[26]) to 79.8 bar and from 89.3 to 95.6 bar could be selected for AMC
values no less than 0.6.

Selection of turbomachinery efficiency

Three turbomachines are used in the power cycle schematically
shown in Fig. 1c. Just single-stage turbomachines are considered in this
work and the use of radial-inflow turbines is justified based on the
relatively small size of the topping gas turbine. In particular, radial-
inflow turbine efficiency and specific speed were related by Aungier
[23]:

%
o

2N

w
o

< static point at the throat

N
o

temperature, °C

-
o

0.9 1.2 1.5 1.8 2.1
entropy, kJ-kg*-K*

a)
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Mgz = 0.87 —1.07+(Nsg — 0.55)% — 0.5¢(Nsp — 0.55)° €8]

where the specific speed Ns for the turbine is given as

Ny = e Y20 @)

AhQ75

is, T

According to Aungier’ suggestion, turbine efficiency values from
0.85 to 0.87 can be achieved in the range of specific speeds between 0.41
and 0.68. In detail, a specific speed of 0.55 results in a turbine efficiency
of 0.87, which is a more conservative assumption than 0.9 as adopted
elsewhere [16] for a similar size system. Considering the turbine effi-
ciency has a significant effect on cycle efficiency [43], two efficiency
values are assumed in the next analysis, namely 0.87 and 0.85, even
though two specific speeds are possible for the latter.

A blade tip speed ratio [23] is also introduced:

ur

SR = ———— = 0.737-Ns? 3

v/ 20 Ah 1

representing the ratio between the peripheral impeller velocity and the
spouting velocity, related to the enthalpy drop during isentropic
expansion. The blade tip speed ratio based on Eq. (3) is shown in Fig. 3a
along with the isentropic efficiency based on Eq. (1).

According to the equations above, the selection of the specific speed
for the desired efficiency directly results in the blade tip speed ratio.
After setting the maximum cycle temperature as well as inlet and outlet
pressures for the high-temperature turbine, the spouting velocity at the
denominator of Eq. (3) can be calculated, then the peripheral impeller
velocity. As the sCO3 flow rate through the high-temperature turbine
results from an energy balance at the primary heater (see Fig. 1c), the
HTT rotational speed can be obtained and, finally, the size of the turbine
rotor. This approach is next repeated for the low-temperature turbine,
after imposing both the turbines rotate on the same shaft.

Although both compressor and turbine can effectively rotate on the
same shaft in the partial heating cycle (see Fig. 1a), as already adopted
in a previous work [20], driving the compressor at the same rotational
speed of the turbines may be challenging in a cascade cycle with more
than one turbine. Specific considerations are duly reported in the next
section 3.2.

According to the preliminary design strategy for a centrifugal
compressor stage proposed by Aungier [21,22], performance correla-
tions in terms of the work input coefficient, i.e. the ratio between the
head coefficient and the efficiency:

3
Hporc _ Lék‘ — 068 — ( Pc )
Mpot,c uc 0.37

0.002
Pc

4

and the polytropic head coefficient:

w

=
o

O.Glb/¥

74 80 86 92 98
pressure, bar

o

Acceleration Margin to Condensation
-
N

—32°C —36°C —40°C

b)

Fig. 2. Definition of the Acceleration Margin to Condensation, adapted from [34], on the left, along with values depending on the pressure at compressor inlet for

three selected temperatures, on the right.
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are functions of the flow coefficient ¢¢ defined as.

_40ic
meD%e

Pc Uc (6)
Both Egs. (4) and (5) refer to a compressor architecture with open
impeller and vaned diffuser.
Ultimately, based on Eq.(6) as well as on the mass flow rate and the
rotational speed of the turbines from the above-mentioned calculations,
a preliminary sizing of the compressor impeller diameter is possible.

Cost assessment of system components

The approach proposed by Wright et al. [9,44] is considered for an
economic assessment of the sCO, power system. In detail, the cycle
components are grouped into two categories: (i) turbomachinery plus
auxiliary balance-of-plant (BOP) components and (ii) heat exchangers.

The first category includes turbines, compressors, seals and bearings,
gearbox systems, generator, motors, variable frequency drives, piping,
skids, instrumentation and control systems, oil lubrication, oil cooling
and purge gas management systems and CO5 make-up systems [9,44].
These costs for a first-of-a-kind system are estimated as proportional to
the net power production.

As regards the heat exchangers, one primary heater, two recuper-
ators and one cooler are included in the schematic layout of Fig. 1c. The
specific cost for each typology of heat exchanger is reported in Table 3
and is assumed to be proportional to the UA parameter, where U is the
overall heat transfer coefficient and A is the heat transfer area:

0

" LMTD )

Q is the heat transfer rate and LMTD is the log mean temperature
difference across the heat exchanger calculated by the thermal energy
balance. Actually, the non-linear trends of the thermal profiles are taken
into account to provide a proper value for UA. Thus, as adopted else-
where [17], each heat exchanger is divided into a number of segments to
calculate more precisely the temperature profiles and the overall LMTD
is calculated based on Q} and LMTD; of the single segments:

Table 3

Cost assumptions for the components of the sCO, cycle [9,44].
Component Specific cost Cost unit
turbomachinery plus auxiliary BOP 1000 $kW!
primary heater 5000 $kw 1K
recuperator 2500 $-kW LK
cooler 1700 $kW LK

. -1
LMTD = (12 9, ) (8)
O “~LMTD;

Ultimately, based on each component cost, a specific figure in
$-kW ! results for the selected sCO5 cycle.

Although the cost uncertainty in Table 3 is estimated to be + 30%, it
is expected that the specific cost should even reduce as a production line
is established [9,44].

Results and discussion

The performance of the investigated single heated cascade sCO;
cycle is presented in this section as the result of a number of analyses
focusing on the effects of (i) the minimum cycle pressure, (ii) the
maximum cycle temperature, (iii) the temperature difference at the cold
side of the primary heater as well as (iv) different effectiveness values for
both the low- and the high-temperature recuperators.

Results are presented after imposing the highest isentropic efficiency
for the high-temperature turbine (0.87 according to Aungier) since it
receives higher enthalpy fluid with the possibility of producing more
mechanical work. However, further considerations are included as
regards a reduced expansion efficiency at the high-temperature turbine.
As a matter of fact, it is not possible to set the same efficiency for both
the high- and the low-temperature turbines throughout the calculations
if they are assumed to rotate on the same shaft. According to Eq. (2),
different mass flow rate distribution through the two expanders and
different enthalpy drops cause different Ns values for the two turbines in
spite of the same rotational speed. The expansion efficiency for the low-
temperature turbine obviously results from Eq. (1), based on its specific
speed.

The calculation procedure determines the maximum cycle pressure
based on the fixed compressor Mach number and the splitting fraction at
the compressor outlet (see Fig. 1c¢) results from the maximization of the
net electric power. However, some difficulties come to light when
running all the turbomachines at the same rotational speed. Actually,
the rotational speed of the turbines is high and the resulting size of the
impeller is sufficiently small. If this result is acceptable for the two
turbines, it is difficult to drive the compressor at the same speed of the
turbines for effectively accommodating and processing the total flow
rate. As a matter of fact, based on a preliminary sizing of the compressor
[45], there is serious risk of choking phenomena at the inlet of the
impeller as well as of distorted velocity triangles. Thus, a lower speed is
imposed for the compressor by introducing a reduction factor set equal
to 2.

In detail, all the figures presented in the following sections result
from the assumption of 0.85 for the compressor Mach number, calcu-
lated as the ratio between the impeller peripheral speed and the speed of
sound of the working fluid at the compressor inlet. Indeed, a similar
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value of the compressor Mach number (0.86) is reported in recent re-
searches by Romei et al. [46,47], investigating a centrifugal compressor
for sCO»-based applications operating in near-critical conditions. On the
other hand, the single-stage compressor could be heavily loaded if the
minimum sCO; cycle pressure is set too low. Actually, based on previous
calculations [20], the range between the critical pressure and 79.8 bar
for an AMC value of 0.6 resulted in an excessively high compressor Mach
number compared to the value of around 1.25 reported by Modekurti
et al. [48] as a limit value for a single-stage compression unit.

Effects of the minimum sCOg pressure

This section focuses on the effects of the minimum sCO; cycle pres-
sure after setting the efficiency of the high-temperature turbine at 0.87
for the best cycle performance.

According to the assumption of a minimum sCO; cycle temperature
of 40 °C, two ranges for the minimum cycle pressure could be considered
throughout the thermodynamic analysis for an AMC value no less than
0.6 at the compressor inlet (see Fig. 2b). Limiting to the range from 89.3
to 95.6 bar, Fig. 4a and 4b show the net electric power and the sCOy
cycle specific cost for two maximum cycle temperatures, namely 400 °C
and 480 °C, the latter due to the TOT of the topper cycle equal to 511 °C
(see Table 1). It is possible to appreciate that the minimum sCO; cycle
pressure seriously affects the two results. As a matter of fact, the highest
value in the investigated pressure range is decisively to be selected for
both the highest power output and the lowest specific cost. Both these
results are achieved with a clear trend despite the maximum cycle
temperature.

Based on a specific aerodynamic load of the turbomachinery as the
result of the fixed value for the compressor Mach number (0.85), Fig. 5
shows the higher the minimum cycle pressure the higher the pressure
ratio of the compressor. This result is also justified by the speed of sound
at the compressor inlet, which increases with the pressure selected in the
investigated range. In detail, in case of setting 480 °C as the maximum
cycle temperature, the pressure ratio rises from 2.06 to 2.77, the
impeller diameter of the compressor reduces but the rotational speed
increases. These trends remain similar even in the case of considering
lower maximum temperatures.

According to these preliminary results, the minimum cycle pressure
is always fixed at 95.6 bar in the next sections.

Effects of the maximum sCO2 temperature

The second analysis is carried out by focusing on the maximum cycle
temperature, which is varied from 400 °C up to 480 °C. The minimum
cycle pressure is set at 95.6 bar according to the main results in section
3.1. Fig. 6a shows that the net electric power increases with the
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Fig. 5. Compressor pressure ratio (maximum cycle temperature equal to
480 °C) and speed of sound at compressor inlet as functions of the minimum
cycle pressure.

maximum cycle temperature, even though a different trend is accom-
plished for the specific cost, which presents a clear minimum as reported
in Fig. 6b. The results in both Fig. 6a and 6b are proposed for two values
of the isentropic efficiency of the HT turbine, 0.85 and 0.87 respectively.
When considering lower HTT efficiency, a 3.8 percentage point reduc-
tion in net electric power is evident in case of maximum cycle temper-
ature of 480 °C. However, the reduction is heavier when setting lower
maximum cycle temperatures. Moreover, the negative effects of lower
HTT efficiency can also be appreciated by looking at Fig. 6b.

The thermal power extracted from the exhaust gas is almost the same
because the exhaust gas flow rate and its temperature are fixed (see
Table 1) and the temperature at the stack does not experience significant
variations. In detail, an effectiveness of 95.6% is always calculated for
the primary heater as the results of the fixed temperature difference at
the cold side (20 K). As shown in Fig. 7a, the sCO, mass flow rate
delivered by the compressor, which is calculated by applying the energy
balance on the primary heater, reduces when the maximum cycle tem-
perature varies from 400 °C to 480 °C. A similar trend is achieved for the
sCO,, stream passing through the primary heater, despite the value of the
isentropic efficiency of the HT turbine.

Limiting to the result set achieved with the highest isentropic effi-
ciency of the HT turbine (0.87), the higher the maximum cycle tem-
perature, the lower the heat rejection by the cooler, mainly due to the
reduction of the sCO, mass flow rate, so the mechanical power clearly
increases as the result of the input thermal power minus the rejected
thermal power. As regards the two recuperators, the internal thermal
recovery is as higher as the maximum cycle temperature increases. The
heat transfer rate increases with the maximum cycle temperature in both
recuperators: it is very slight for the HT recuperator, but more evident
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Fig. 4. Net electric power output (on the left) and specific cost (on the right) as functions of the minimum cycle pressure for two values of maximum cycle

temperature.
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for the LT recuperator, as shown in Fig. 8a. Actually, the higher the
maximum cycle temperature, the higher the sCO5 temperature at the
outlet of the LT turbine, resulting in hotter fluid at the inlet of the low-
pressure side of the LT recuperator after the mixing process (see Fig. 1c).
As a consequence, the heat transfer rate for this component rises. On the
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other hand, the increment of the heat transfer rate for the HT recuper-
ator is less evident because of the contrast between the higher sCO4
temperature at the outlet of the HT turbine and the higher sCO, tem-
perature from the LT recuperator.

A break-down of the heat exchanger cost is also reported in Fig. 8b,
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Fig. 8. Heat transfer rate (on the left) and cost (on the right) of the heat transfer equipment in the sCO, cycle as functions of the maximum cycle temperature

(isentropic efficiency of the HT turbine equal to 0.87).
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according to the approach based on the calculated UA value as presented
in section 2.3. The most expensive component is always the primary
heater. As the maximum cycle temperature increases, the thermal power
recovery does not change, the temperature difference at the hot side of
the heater decreases as well as the logarithmic mean temperature dif-
ference, so the increasing UA value drives the heater cost up.

Looking at the results in Fig. 9, the trend of the specific cost in Fig. 6b
can be explained. As a matter of fact, it is sufficient to compare the slopes
of the power and cost curves, the first with a modest downward con-
cavity and the second with a more evident upward concavity for higher
maximum cycle temperatures. Thus, the presence of a minimum specific
cost in the investigated range of maximum cycle temperatures is
justified.

Figs. 8 and 9 limit the analysis to the case of the HT turbine with the
maximum isentropic efficiency, but similar trends result when reducing
this efficiency from 0.87 to 0.85.

Attention is now paid to the turbomachinery. Starting from the case
where the HT turbine has an isentropic efficiency of 0.87, the corre-
sponding specific speed is 0.55 according to Eq. (1). The relation be-
tween the rotational speed and the specific speed is the following:

0.75 0.75
AR} Ab
is, H-TT is, HTT
Oprr = Nsprro————= = NSIITT'—(F S )
v/ Qout HTT %
outig HTT

where y is the fraction of sCO5 at the outlet of the compressor flowing
through the low-temperature recuperator.

The higher the temperature at the turbine inlet, the higher the
isentropic enthalpy drop. In addition, considering the lower flow rate
through both the heater and the HT turbine, due to higher maximum
cycle temperature, the rotational speed increases considerably.

The specific speed of the LT turbine:

yem

Pouti LTT

Ah9.75

is,LTT

Nsprr = @prre 10)

increases from 0.61 to 0.68, due to the higher rotational speed (0T
= oyrr) and the slightly larger flow rate through the LT turbine than
through the HT turbine, even though the isentropic enthalpy drop in-
creases. Thus, the isentropic efficiency of LT turbine reduces from 0.866,
in case of maximum cycle temperature of 400 °C, down to 0.851 for
higher cycle temperatures according to the trend proposed by Aungier
(see Fig. 3a).

The peripheral velocity of the HT turbine rotor ranges between 305
and 328 m/s and increases with higher maximum cycle temperatures.
Actually, the speed ratio in Eq. (3) depends on the specific speed, which
is fixed (NsyrT = 0.55) to achieve the desired efficiency (nisurr = 0.87):
the higher the maximum cycle temperature, the higher the enthalpy
drop, i.e. the spouting velocity, the higher the peripheral speed. Despite
the speed ratio increases for the LT turbine, lower velocity values are
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Fig. 9. Costs of the sCO, cycle components as a function of the maximum cycle
temperature (isentropic efficiency of the HT turbine equal to 0.87).
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calculated (262-288 m/s) due to the lower available enthalpy drop.

The Mach numbers for the two turbines do not significantly vary,
since the variations of speed of sound at the inlet of the machine contrast
the higher peripheral velocity.

Focusing on the compressor, the isentropic enthalpy head does not
experience significant variations as well as the isentropic efficiency,
ranging between 0.801 and 0.816, while the specific speed increases
from 0.48 to 0.53 as the maximum cycle temperature rises. The pe-
ripheral velocity of the compressor impeller keeps constant because of
the fixed machine Mach number and inlet conditions, then the impeller
diameter reduces for higher maximum cycle temperatures and the same
trend can be appreciated as regards both turbines. Finally, also the flow
coefficient (@) rises with the maximum cycle temperature, from 0.034
to 0.04 according to Aungier’s approach, despite a small reduction of the
inlet volumetric flow rate because of the second power of the impeller
diameter included in Eq. (6).

Fig. 10a and 10b show specific results for the turbomachinery, in
case of isentropic efficiency of the HT turbine equal to 0.87. In partic-
ular, the rotational speed may be as high as around 90 krpm, which is
not unusual for sCO, turbines. As a matter of fact, if Lv et al. [49]
designed a rotational speed of 80 kprm, there are literature works pro-
posing the aerodynamic design of radial-inflow turbines even rotating
up to 160 krpm [50,51].

Nevertheless, some results are presented in the previous figures even
in the case of lower isentropic efficiency of the HT turbine (0.85 instead
of 0.87), so attention is paid to the turbomachinery results in the
following.

Based on the Aungier’s approach, two values of specific speed can be
selected for an isentropic efficiency of 0.85, namely 0.41 and 0.68. The
lowest specific speed is considered here because it (i) results in higher
efficiency values for the LT turbine and (ii) leads to lower rotational
speeds. As a matter of fact, when setting Nsyrr = 0.41, the specific speed
of the LT turbine ranges from 0.48 to 0.55 with efficiency greater than
0.85 (see Fig. 3a), whereas if Nsypr = 0.68, the specific speed of the LT
turbine would range from 0.70 to 0.76 with efficiency less than 0.85 (see
Fig. 3a). On the other hand, Nsyrr = 0.68 would result in lower di-
mensions, insufficient to accommodate the flow rate neither through the
two turbines nor through the compressor. Fig. 11a shows lower rota-
tional speeds compared to Fig. 10a, an isentropic efficiency of the LT
turbine always greater than 0.85, but poor performance for the
compressor, whose flow coefficient (¢¢) ranges now from 0.019 to 0.024
(see Fig. 3b). As a result of lower rotational speeds, impeller diameters in
Fig. 11b are larger compared to the case reported in Fig. 10b.

Although the results in Fig. 6a achieved in case of lower HTT isen-
tropic efficiency may be trivial, rotational speeds and turbomachinery
impeller diameters shown in Figs. 10 and 11 highlight the importance of
including an even basic turbomachinery behavior in the assessment of
the sCO5 cycle performance. Of course, specific optimizations are always
possible though outside the scope of the current work.

Effects of the flue gas temperature

Attention is now paid to the final flue gas temperature or to the
temperature difference at the cold side of the primary heater, which is
varied in the range 10-30 K. As regards the main calculation assump-
tions, the maximum cycle temperature is set at 480 °C, based on the
former analysis, whereas the other inputs are not varied. Again, the
calculation is oriented to find the splitting fraction at the compressor
outlet for the maximization of the net electric power.

When the temperature difference at the cold side of the primary
heater varies, no sensible effects can be appreciated for the turboma-
chinery in terms of efficiency, aerodynamic load, i.e. Mach number, as
well as rotational speeds and impeller diameters. On the other hand, the
lower the temperature difference at the cold side of the primary heater
the higher the amount of thermal power recovery from the heat source
and the higher the net electric power production, with an almost linear
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Fig. 10. Turbine rotational speed with isentropic efficiency of LT turbine and compressor (on the left) and turbomachinery impeller diameters (on the right) as
functions of the maximum cycle temperature (isentropic efficiency of the HT turbine equal to 0.87).
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Fig. 11. Turbine rotational speed with isentropic efficiency of LT turbine and compressor (on the left) and turbomachinery impeller diameters (on the right) as
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trend as shown in Fig. 12a. Actually, the sCO5 flow rate slightly increases
because of lower flue gas temperatures.

Fig. 12b shows the sCO;, cycle specific cost which increases for lower
temperature differences at the cold side of the primary heater. This trend
can be justified by paying attention to the primary heater. As reported in
Fig. 13, when less warm gas is exhausted, the reduction of the
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temperature differences along the primary heater and the increasing
thermal power recovery result in a sharp increase of the UA value as well
as of the related component cost.

The primary heater effectiveness increases as the temperature dif-
ference at the cold side decreases and the slope of the curve in Fig. 13 is
more significant in case of AT values less than 25 K. When AT is set at the
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Fig. 12. Net electric power output (on the left) and specific cost (on the right) as functions of the temperature difference at the cold side of the primary heater for two

efficiency values of the HT turbine.
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of the HT turbine equal to 0.87).

lowest value (10 K) the effectiveness approaches 98%, which is a chal-
lenging performance that heat exchangers for sCO; applications should
be able to achieve [52,53]. On the other hand, the cooler has about the
same cost in the investigated range of AT and no sensible variation is
calculated for the costs of the two recuperators. The turbomachinery and
BOP cost always follows the same trend of the net electric power.

Differently from the previous analysis focusing on the maximum
cycle temperature, the specific cost for the current case is monotonic and
its trend is in line with the one shown in Fig. 13 for the primary heater.
As a matter of fact, the variation of the total equipment cost is more
significant if compared to the net electric power.

Effects of the recuperator effectiveness

The previous sections have reported results achieved after imposing
fixed values (90% as reported in Table 2) for the effectiveness of the two
recuperators. Thus, the results of further investigations are reported in
this section by setting different effectiveness values and imposing the
maximum cycle temperature equal to 480 °C and the temperature dif-
ference at the cold side of the primary heater equal to 20 K.

Fig. 14a and 14b show the results of the electric power output and of
the specific cost, respectively.

Based on the results in Fig. 14a, the same net electric power could be
obtained with the combination of different effectiveness values, with a
constant focus on the specific cost. Higher effectiveness values result in
higher electric power production, with an almost linear trend as shown
in Fig. 14a. The € parameter has a more remarkable effect if related to
the LT recuperator. Actually, as anticipated in Fig. 8a, the heat transfer
rate of the LT recuperator is greater compared to the HT recuperator, as
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well as its cost (see Fig. 8b). Looking at the trends in Fig. 14b, the specific
cost rises more than proportionally when increasing the effectiveness of
the LT recuperator. Similar results are achieved for higher effectiveness
of the HT recuperator, even though differences are marginal. As a matter
of fact, more significant variations in the specific cost can be appreciated
when eyrr moves from 92.5% to 95%. These trends agree with others
reported in literature [27,54].

Specific turbomachinery results are not reported for the sake of
brevity as they are not significantly influenced by the effectiveness
variations of the two recuperators.

Comparisons with the partial heating cycle

According to a greater set of parameters that can be varied compared
to the partial heating cycle [20], the single heated cascade cycle seems
to be more beneficial for waste heat recovery applications. After setting
similar calculation hypotheses (compressor Mach number at 0.85,
recuperator effectiveness at 0.9, temperature difference at the cold side
of the primary heater at 20 K, etc.) as the ones adopted in a former paper
[20], Fig. 6a indicates 1535 kW for the maximum power output and
Fig. 6b shows a specific cost of 2083 $/kW. These results are almost
similar to 1572 kW and 2165 $/kW of the case study focusing on the
partial heating cycle [20], as limited variations can be appreciated.
Nevertheless, a few considerations are necessary for a fairer comparison.

e Maximum cycle temperatures between 400 °C and 480 °C are
considered in the current analysis (section 3.2), but a maximum
temperature of around 340 °C has been calculated for the partial
heating cycle as the result of electric power maximization [20].
From a cycle layout point of view, two smaller turbines are present in
the single heated cascade cycle and their rotational speed (78-88
krpm as shown in Fig. 10a) is higher than the one of the single tur-
bine (around 53 krpm) as calculated for the partial heating cycle
[20].

No direct matching is possible for compressor and turbine shafts,
since it has been anticipated that the compressor must rotate slowly
compared to the two turbines. Thus, a gearing system [55] is
necessary (i) to allow the turbines to rotate at the optimum rotational
speeds, (ii) to drive the compressor accordingly, (iii) without
neglecting the frequency of the electric generator, actually lower
than the values reported in Fig. 10a or 11a.

On the other hand, in spite of specific technological issues, a com-
parison with another technology for waste heat recovery, i.e. the organic
Rankine cycle, is proposed in terms of costs. In particular, the specific
cost for the ORC technology is calculated as.
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Fig. 14. Net electric power output (on the left) and specific cost (on the right) as functions of the effectiveness of both HT and LT recuperators.
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SCore = 19358+P_ 277 an

according to Baldasso et al. [56] who retrieved the cost estimations
reported by Lemmens [57]. The specific cost in Eq. (11) is calculated as
$-kW ! and P is the net electric power production in kW. According to
the last formula, the specific cost of the sCOy-based technology inves-
tigated in this work can result around 22% lower compared to ORC
figures, so the developments in this emerging field are really crucial for
future technology readiness [58].

Conclusions

A technical assessment of the single heated cascade sCO; cycle as the
bottomer of a 5 MW-class gas turbine has been presented and supported
with some cost indications.

Based on focused parametric analyses, attention has been paid to the
proper selection of (i) minimum and maximum cycle pressures, after
setting the compressor Mach number to avoid highly loaded turboma-
chinery, (ii) maximum cycle temperature, and (iii) design parameters
including the temperature difference at the cold side of the primary
heater, the effectiveness values of the two cycle recuperators and the
efficiency of the high-temperature radial-inflow turbine, as the other
turbomachinery efficiency values result from specific running
conditions.

Around 1500 kW of net electric power can be recovered by the
investigated bottoming cycle, with a specific cost of the technology of
around 2000 $/kW. In detail, the last figure is lower compared to the
specific cost of the organic Rankine cycle [56,57], as a possible
competing solution for waste heat recovery applications, and highlights
the potential of the sCO power cycle technology.

The performance results presented and discussed in this work are not
so different from the ones previously calculated for the partial heating
cycle [20]. Actually, the single heated cascade cycle was found to pro-
duce slightly higher power output than the partial heating cycle, even
though in case of heat recovery from waste gas at 600 °C [13]. Never-
theless, the cycle architecture here investigated does not allow to drive
the compressor at the same rotational speed of the two turbines so the
single heated cascade layout may result less interesting than the partial
heating cycle architecture.
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