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SUMMARY

There is a need for low-cost switching and proportional electro-hydraulic
-valves with low contamination sensitivity and good reliability. In an
attempt to meet this need, a novel electro-hydraulic floating double-disc
vilve has been developed to theistagevwhere it can be used to control
hydraulic cylinders or motors directly. As the valve is significantly
underlapped, problems atillvremain in achieving adequgte hydraulic

sfiffness_in the proportional mode of operation. B -

"~ The valve operation, which relies on the complex interaction between fluid
aﬁd electro-magnetic forces acting on the valve discs, is described and a
theoretical model of the fluid gnd electro-magnetic characteristics of the
valve is presented}'The'theory shows satisfactory agreement-with.

experimental data.

A pre-production ve:sion of the double~disc vaive has been deéigned and
manufactured and it incorporates ideas for manufadturing cost reduction
while at the same time conforming to CETOP 3 internaiional valve port
standards. This valve has been successfully tested’as a switching or
proportional device when contrélling two different cylinders; Proportional
control of the valve is achieved using Pulse-Width-Modulation technique.
British Technology Group and University of Surrey have appliéd for a patent

on the valve. The paténted floating-disc valve has the following features:
(a) 3 way or 4 way 2-position.6r proportional action with minor changes to
produce the two types of action,‘(b) cartridge construction with>i£ter-
‘changeahle compbnents, (¢) low contamination sensitivity, (d) few critical
dimensions, (e) no sliding surfaces, (f) CETOP valve port configuration and
(g) potentially capable of operating with corrosive or non-lubricating

fluidse.
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Nomenclature

curtain areas between nozzle and disc as denoted in

- Fig.6.1

1}

cross-sectional areas of coil,supply and drain nozzles
non-dimensional area ratio (=A__/A )
nD’ 'sn

flux densities of armature (disc), working gap, pole
core and yoke

transient flow force damping constant
passage height between the rod and drain nozzle

flux coefficients of disc,working gap,pole core and
yoke

electro-magnetic forcé coefficients

supply and drain nozzle discharge coefficients

coil wire diameter

supply nozzle -diameter with réspectvto disc 1 and 2
disc, draih and rod diametersb

space factor and coil leakage factor‘

electro-magnetic and fluid forces

non-dimensional fluid force (=Ff/Ps.Asn)_

total fluid, transient flow and dynamic pressure forces

‘distance between the disc and the coil surface

distance between disc and its chamber walls
magnetic intensities of armature,pole core an& yoke
holding gap |
igstantanéous currént and current in the coil

flow gain,flow-pressure coefficient and pressure
sensitivity : :
valve null coefficients

steady state flow force spring constant

heat-dissipation coefficient

coil inductance
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3’74

magnetic circuit lengths of armature,pole“core and
yoke '

total magnetic circuit length

supply and drain nozzle tube lengths

mass of moving bodies with respect to fhe v;lve
number of coil turns and magnetomotive forqé'
number of working gaps

pressure

local pressures as defined in Fié&J

pressure at radius r

load pressure (=P1-P2)

total effective, useful and total gap permeaﬁces
innér, outef pole fringing and leakage permeances

flowrate

= flowrate through the four orifices denoted in Fig.6.1

radius

radius at which flow is assumed to be reattached with
regpect to discs 1 and 2 respectively

mean radius of supply nozzle land with respect to
discs 1 and 2

mean radius of drain nozzle land
radius at which the inward flow separate from the disec

radius of hole through coil inner pole or the supply
nozzle outer radius

inner and outer w1re bobbin radius

outer coil bbdy radius

supply and drain nqzzle radius

local Reynolds number based on supply noézle.diaméter
disc radius o

time

disc thickness and coil pole thickness
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T,T ' = period of sawtooth waveform and coil time constant

TD N : = total disc tfavelv
ﬁ% . = dynamic velocity of fluid through supply nozzle
x = disc displacement
5.." = non-dimensional disc displacement (=x/TD)
Xé ' = gap between disc and coil surface
z | : = disc displacement from valve neutral position
zf;;zfz = distances between Fhe.supply and drain nozzle tips and
the faces of the disc
_ Oc = coefficient of lineaf expansion of the disc material‘
Gf l = final temperature rise of coil |
Gt , = angle of tilt
h1 - = fluid viscosity
pg : = permeability of gap
P = 0il density
L ' = natural frequency
5 . =>damping ratio
-Suffices
i,D = drain
h = hydraulic
L,R : ='1eft-hand'§ide and right-hand side
n o = nozzle
s,S 4 , .. = éuppiyf
v'f ' = valve
1,2 = disc 1 ér disc chamber 1 and disc 2 or disc chamber 2
1L,1R | = left and right- hand sides of disc 1
.2L,?R = left;and right- hand sides of disc 2

- : ‘ UcguUsST 1 3
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1. Introduction

1+1 Servomechanisms

Servomechanisms can be used to control position, velocity, or force and

have been used in practice for three to four decades in the industrial

field of engineering,[1].

A servomechanism is a feedback control system in which one or more of the
system signals represent mechanical motion. The different types of

servomechanisms are pneumatic, hydraulic, electric and electro-hydraulic.

Telel Pneumatic servomechanisms

Pneumatic servomechanisms have'receivedvrelatively little attention in
comparison to other type of servomechanismsiowing to the following
disadvantages: (a) the»fluid is compressible, the servomechanism will
exhibit a lack of stiffness, espécially to external load disturbances. (b)
low efficiency. (c) it is difficult to achieve satisfactory low pressuréT

sealing, and this puts a limit on system pressure.

- However, owing to the constantly increasing temperature requirements for
- missile and aircraft components, high speed pneumatic control devices are

being used [2].

1.1.2 Hydraulic servomechanisms

Hydraulic servomechanisms are widely in use in the machine tool industfy
for both the basic drive mechaniém and the control of cuttihg tool [3,4].
In general, the advantages of hydraulic components are: (a) good stiffnéss
~ characteristics, (b) ease of accurate control‘of working table position and
velocity, (c) zero backlash,‘(d) rapid response to change in speed or

direction and (e) low rate of wear.
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In the aircraft industr& hydraulic servomechanismS’aré used for power
operated controis, autostabilisers and autopilots. In general indust;y it
finds favour in speed control systems for»prime movers, and in the
operation of process control valves. The hydraulic servomechanism in its

basic form has a hydraulic valve, actuator and a mechanical or electric

feedback.

1.1.3 Electro-hydraulic servomechanisms

The ‘increasing demands from modern control systems require greater
flexiﬁility between controlling elements; This has resulted in the
combining of electrical sigﬁalling with fluid power actuators. The need to
change from electrical to hydraulic cqntrol at some point in the loop has
led to the development of ;n electric torque motor to acfuate the hydraulic
valve. The torque motor receives its inputs from an electronic amplifier. A
block diagram of a typical electro~hydraulic servomechanisnm ié shown in

Figure 1.1.

In the last three decades, electro-hydraulic servomechanisms have been used
for a wide variety of analogue control systems due primarily to their high
power-to-weight ratio, inherent stiffness, compact construction, high

accuracy, positive locking action, and fast dynamic response.

Recently, the rapid chénge in electronic technology and‘the development of
microproéeésors have presented an opportunity for the use ofveleétro—
hydraulic servomechanism in a digital mode. Now, microprocessors are Eeing
used in systems, either for presenting input data to the control sysfem or
as part of the control loop. As a result, there is considerable interest in

hydraulic valves éhich are compatible with this concept.

Clearly, switching valves offer the best opportunity for digital electro-
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hydraulic servomechanisms due p:imarily to their simple construction and

cheapness. Digital electro~-hydraulic servomechanisms have the following

advantages over their analogue‘counferparts:

(a) Systems are generally cheaper and more reliable because of the
simplicity of the basic two state element.

(b) PFriction, non-linearities, and hysteresis have less influence on
digital devices than on analogue systems.'

(¢) Control elements, such as valves of digital devices have switching
functions and are therefore less sensitive to contamination.

(d) Switching statés of digital control systems are less influenced by
load changes and other diaturbances dompared'to analogue systems.

(e) It is simple to programme digital systems.

Despite the above advantages, digital electro-hydraulic systems have the

following undesirable and disadvantageous features:

(1) Input pulses may result in stepping and sometimes jerky movements of
the output member.

(2) Resolution is not infinite.

(3) Dynamic response does not meet requirements in certain applications
owing to the high data transmission rates required;

(4) Vear of valve seats.

(5) The additional cost of digital to analogue conversion where necessary.

(6) Pulsatile flow outéut may be a disadvantage in some applications.

(7) Problem of decoding digital data into analogue outputs (e.g.
pressure). . , ‘
Early development started with the adaptation of conventional servo-valves
for a switching mode of operation [5,6]. Several'investigators [6-13] have
all loocked into digital electro-hydraulic system in one form or the othef.
A brief discussion of digital electro-hydraulic control mechanisms are

described by G;nter [6] and Mansfeld [13].G3nter [6] also stressed that
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- digital electro-hydraulic control mechanisms require fast switching valves
with low pressure drop. It is evident from their studies that the most
important component for development in an electro-hydraulic servomechanism

is the valve.

1.2 Electro-hydraulic valves

An electro-hjdrau;ic valve; which is the most complex element in‘ an
electro~hydraulic control system, receives an electriéal signal and
converts it to an output flovvto drive an actuator. Electro-hydraulic
valves may be classified as a propottional'(servo-valve) or digital

(directional valve).

1.2.1 - Servo-valves

Servo-valves are highly developed and sophisticated devices which provide
control for a wide variety of analogue control systems [1]. They are
designed so that the output flowrate is proportional to the electrical

input signal under constant load conditions.

Servo-valves use an electric torque motor as their low power device to

convert an electrical signal into hydraulic signal. For hydraulic power
- amplification purpbses, servo-valves have at least two stages. The first
stage has a flapﬁer mo;ing between two nozzles and the second stage’has a

conventional four-way sliding spool.

In spite of the»advanced'§eve10pment of servo-valves, they have the

following disadvantagés:

(a) Precision éomponents within the valve.and caliberation requirements
make the unit costs high. Typically the prices range from £700 to

£2,000.
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(v) Very small clearances, of the order 2.5 micrometer, within the valve

make it very sensitive to fluid contamination. Hence, fine filteration

- of the hydraulic system and good maintenance is required for reliable
operation.

(¢) Janmming of the spool caused by silting when the valve has a period of

inoperation.

Traditionally,~servo-valves are used for analogue control applications but
recently their use as switching devices have been investigated [14-18]. The
. major disadvantages of this‘approach are inertia limitations, increase wear

and possible structural fatigue of the spool and its sleeve.

" Murtaugh [18] was an early investigator of the pulse-width-modulation
technique to opératé anAaccelerétion switching valve. The configuration of
this valve was similar to that of a conventional electro~hydraulic flow
control valve, eicept that the spool restraining springs were removed.
Because of the double integration ihherent in this two-stage valve, the no-
load cylinder rod.acceleration was proportional to the system error signal
- hence the name 'acceleration switching valve'. The valve thus had a zero
steady state velocity error. Levine [19] found that due to the removal of
the restraining springs, the valve became sensitive to flow reaction

forces, thus limiting the valve operation to a low flow range.

An intensive study made by Gorden [20] has shown that the PWN mode of
operation does improve the stiction problem of the electro-hydraulic valve

when compared to the conventional mode of operation.

1.2.2 ’ Directional control valves _

Directional control valves determine the flow path of the fluid in the
systemu They function to stop, start, check, divert, shuttle, proportion;'

the flow of o0il in an actuator.
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Traditionally, directional valves perform only switching functions and they
operate on the on/off principle. Recently, solenoid proportional valves
have been introduced in mobile applications. In these designs, either the

armature position, or the force applied to it can be controlled.

With force controlled solenoids only a small movement results and these are
normally used to operate a poppet valve which controls the flow of a pilot
valve operating the main directional valve épool. With position controlling
solenoids there is a closed loop coﬁtrol over the armature position and
this is maintained irrespective of the opposing force. The'electricai input
current produces .a movement of the armature which is transmitted directly
to the valve spool. This movement ié sensed by an inductive iinear
transducer, fedback to a servo amplifier and compared with the command
input voltage. Using this form of closed loop positional_control'the valve

spool can be operated remotely and moved to any desired position.

Depending on the flow capacity of these valves, théy are used in either
direct operated or pilot operated modess To meet large flow rate
requirements, most of the commercially available directional valves use a
solenoid first stage and have a conventional 4-way spool type valve as the
second stage. This méy be augmented by a third stage spool valfe'for large

flowrates.

-Conventional directional valves are spool type valves and they havé the

following inherent disadvantages:

(a) -jamming of the spool caused by contgmination in the oil. This is
mainly caﬁsed by silting wheh the valve has a period of inoperation.

(b) precision components within the valve increase the cost. Typically the
prices range from 55 to 500 Pounds sterling for the directional

control valves. The KG model of Sperry Vickers, for example, which is

A. Usman : C -
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essentially an electro-hydraulic directional control valve costs 1,300
Pounds sterling.
(¢) relatively high power is required to operate these valves and their

dynamic performances is very modest.

These disadvantages had led to & growing demand for directional valves with

improved properties in respect to function reliability, longlife, leakproof

end positions without increased production accuracy and extremely short
switching times to increase the dynamic performance. These requirements
. could be met with seating valves. Seating valves use elements such as

- poppets, foils, balis, discs, etc.

~

In low~pressure pneumatic systems, fluidic seating valves with moving parts
like the foil element [21] were developed for complex switching functions.
Other fluidic elements, the ball element [22] and the disc element [23],

may be used in high pressure hydraulic systems.

"In 1971, Post [22] introduced the concept of a ball element valve into
hydraulic systems. In his recent study [24], & switchiné valve systenm
consisting of small diameter ball e;ements as the first stage, and fluid-
controlléd ball elenents as the second stage was'developédw He has shown
that the complete switching times of multistage electro-hydraulic v#lves
are in the range 1-20ms depending on system pressure and size of the
desired output stage. The ball valves are being used in hone-machines,
hydraulic break hammers and pile hammers applications. Mansfeld [25] has
used ball elements in switching valfes as digital control elements for an

electro~hydraulic servo actuator used in flight-control systems.

The main disadvantage of a ball element valve is the problem of
contamination. Although Post [24] pointed out that large particles in the

convergent passage are pushed aside or impressed into the wall material by
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the ball if it is operated with high pressures. This claim is doubtful in
that this might lead to blockage after long use. Another major disadvantage
of ball valves for direct actuation by.an electro-magnetic field is that
the flﬁx density is poor tiereby providing a low attracting force to
overcome the fluid forces. Severe water hammer effects as the ball switches

are also said to be a problem.

A simple geometric shape which overcomes these disadvantages is a free-
floating disc valve element [23]. This type of disc was first considered 5y
Schrenk [26] in his pioneering work on disc valves. Schrenkfs‘interest was
in the flow patterns aﬁd dischargé coefficient of disc valves. His wofk'has
shown that if thé valve land was large two-major‘flow patterns would be
possible. At low openings the flow clings to the land face and the
discharge coefficient is ﬁigh, at large openings the flow sepérates from

the land and the discharge coefficient is smaller.

In 1965, Bahr [21] used a«floating disc as a small fluidic logic element
working on air with no electrical input signai. Later its use as 8 power
device in an all pneumatic pulse-width—moduiation scheme was investigated

by Goldstein et el [27].

The flow around the nozzle land region of disc valves is similar to that of
flapper valves. A vast number of papers {28-31] have been presented on the
effeét of discharge coefficient on flow and force characteristics of
- flapper valves. Takenaka et el f32] in their study of the dynamic and
static charactefistics of hydraulic control valves also pointed out that
the main unknown factor in designing valves was the discharge coefficient.
Lichtarowicz et el [33] also made some contribution on the discharge
coefficient of valves. Later in 1975, Lichtardwicz [34] discussed the

effect of valve land on flov and force characteristics of flapper valves.
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Although many robots are now being produced for industrial use, capital
costs of installing robots for new épplications is high and as a result
there is considerable interest in cheaper‘robots. Also in the hydraulic
industry there is a great demand for cheap, simply constructed and reliable
electro-hydraulic valves. One purpose of this investigation is to assess
whether cheap hydraulic control systems have a role to play in these
developments. As electrofhydraulic servo-valves are expensive and
contamination.sensitive, alternative types of cheap valve have been

proposed which do not have these limitations [35].

The main objective of the present research is to develop‘two-versions of a
novel disc tjpe eléctro-hydraulic valve to the stage where they can be used
to control hydfaulic cylinders. Such valve-cylinder cqmbinations can be
used for low-cost manipulators in the robotics and programmable éutomation
"fields. The valve can also be geared towards mobile plant and remote
control applicatiéns. As a result of its simplicity in construction, the
disc. type valve is aimed to fill the gap between the highly sophisticated

servo-valve and the normal digital on/off or directional valve.

1.3 Description of the disc valve

There are two versions ¢of the valve that have been investigated in this

thesis based on single- and double-disc configurations.

1301 Single-disc valve

Figure 1.2 illustrates the main features of the single-disc valve which
acts as a 4-way 2-position device. A free-floating disc moves axially
between two opposing nozzles under the influence of electro-magnetic and
fluid forées. Thevdisc is constructed of magnetic material and forms a

strong flux péth with the magnetic material surrounding either coil when it

_ A. Usman AUGUST 1984
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is energised. Each nogzle is connected to the'hydraulic 0il supply and load’
ports 1 and 2 are connected downstream of a restrictor but upstream of the
tube through the coil. When, for‘example, coil 1 is energised and coil é
de-energised the disc closés of the left-hand nozzle and the pressure Py in
load port 1 rises to supply pressure, Pg. At the same time flow is
discharged radially from the right-hand nozzle into an annular drain port
so that P, in load port 2 falls to a value dependent on the relative
restrictions of the restrictor and the coil tube. Hence a large load
pressure difference (P1-P2) is generated*which’may be used to drive aﬁ-

actuator.

On the other hand if coil 1 is switched off and coil 2»switchea on, the
disc is attracted towards the right—hand nozzle by the attractive force of
coil 2 and this force is augmented by the pressure gradient over the whole
left-hand side of the disc until it seals off the right-<hand ﬁozzle. When
this happens, the pressure P, rises to supply pressure Py and Py falls to a
value dependent oh the relative restrictions of the restrictor and the coil
~tube. This generates a load pressure difference (P2-P1) to drive an

actuator in the opposite direction.

The main use of the single-disc valve is probably.és a pilbt valve as thefe
is no inherent facility for closing off supply flow in the switched state
with a corresponding loss of ppwer.‘Accordingly, the restrictors are quite
small to limit the quiescent power loss thereby giving potential problem
with contamination. However, the second variation of the valve employing a
two disc arrangeﬁent does not have these limitations and may be used to
control significant load flows as a single stage valve. The present
research is concentrated on the double-disc valve cozi_fi_guration ‘owing to

- these potential advantages.

A. Usman’ AUGUST 1984
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1.3.2 Double~disc valve

The dbuble-disc valve is shown in Figure 1.3 and has two single-disc
chambers back-to-back with a loose push‘rod between the floating discs. The
figure shows the valve fully switched to the right. In this position disc 2
closes off the drain nozzle and disc 1 closes off the supply nozzle. Coil 2
is de-energised and c§111 is energised;Under these conditions disc 1 is
held on the supply nozzle seat by the attracting force of coil 1, despite
the axial pressure force exerted by the fluid in the supply nozzle tube
trying to push the disc off its ggat.(h1the other hand, disc 2 is held on
the drain nozzle éeat by the excessAdisc,chamber pressure acting

approximately over the drain nozzle area.

When the valve is switched the action is initiated by an electronic
switching amplifier starting to de-energise coil 1 and at the same time
- energising coil Z.Aa‘the electro-magnetic force in coil 1 falls, disc 1
starts to move to the left owing to the excess pressure force from the
supply. It is free to move until the axial clearance of the rod is taken
up, (see Fig. 1.4), at which point disc 1, the rod, and disc 2 will start
to move as a solid body if the total axial forces on the body produces a
net force to the left. For the normal sizes of the supply and drain nbzzles.
this net force will only give reliable switching under all load conditioms
if additional thrust can be geﬁerated over and above that available
statically at the start of switching.‘By a careful choice of the rod
clearance and its diameter, the radial flow outwards from the supply to:
load ports 1 is in a laminar, incompressible flow conﬂition during the
first movement of disc 1. This gives a pressure gradient over the whole
- disc chamber, rather than just the nozzle, thereby giving a thrust

augmentation in a similar manner to a hydro-static thrust bearing.
The final stage of switching (Fig. 1.5) involves accelerating the two discs

A. Usman



Introduction _ . 12

and the rod to the left with the éttracting force‘of c0il 2 increasing as
disc 2 approaches. the sﬁpply nozzle. Just before disc 2 reaches the supply
nozzle it ceases to be pushed by the rod as disc 1 has already sealed off

the drain nozzle.

-From Figures 1.3 to 1.5 it will be seen that the nozzles are not flush with

the chamber end faceé. The reasons for this are:

(a) it allows as much pressure balancing as possible round the disc in the
steady-state conditions and |

(v) the magnetic‘attractioﬁ force and remanence would be too large if the

disc is allowed to adhere to the coil face.

Clearly, the correct choice of this gap, the disc travel, nozzle seat
areas, diametric clearance between the disc and its chamber, and so on have
to be carefully chosen for a successful design based on a wide range of

operating conditions.

It is possible to operate the valve in a proportional mode as well and for

this purpose pulse-width-modulation (PWM) techniques have been used to
energise both coils to move the disc assembly around the mid-position
- without touching the nozzles. The feature which distinguishes the PWM mode
fof control from the conventional proportional control is that, instead of
generating a signal p;oportionaltto'the error, -the amplifier generates a
series of timé width var&ing pulses‘whichv alternately drive the valve to
its two extreme positions (see Fig. 1.6). A relaxation in machine
tolerances is feasible with thé use of PWM techniques. Several authors
‘[20,27,36-431 have empioyed'PWM techniques to linearise the non-linear

characteristics of electro-hydraulic valves.

The frequency characteristics of a pulse-width-modulator was theoretically

analysed in detail by Ikebe et el [41]. This was done from the viewpoint of
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both the removal of the hysterésis characteristics and the use of the
piezoelectric flapper type sérvo-valve they developed as the input member
to the valve. It can be concluded from their work that for a sinusoidal
input, the ratio of carrier frequency to the input frequency must not be
less than 7, and the carrier frequency should be chosen to be high enough
so that the amplitude of this frequency component can.be ignofed in a

control system output and does not excite structural modes of the system.

Optimal control of hydraulic valves operating on the on-off principle have

been considered by several workers [44-49].

1.4 Outline of project

- As stated earlier, the aim of this research is to develop an electro-
hydraulic double-disc valve to the stage where it can be used to control
hydraulic cylinders. To achieve this objective, the internal operation of
the valve needs to be accurately known. Experiments have to be carriéd out

to verify any assumptions made in theoretical models of the valve.

The basic descriptions of the two types of experimental valves used in this
work ‘are described in Chapter 2. Also described are the associated

electronic controllers.

The double-disc valve performances rely on the complex interaction between
the fluid and electro-magnetic forces acting on the valve disés- Chapter 3
deals with the steady-state theoretical fluid and electro-magnetic

characteristics of the valve.

In Chapter 4, the design of a physical model for the valve is described. a
Experiments carried out to determine the internal fluid mechanisms of the
valve are presented. With the same experimental equipment, the electrq-'

magnetic characteristics of the valve are also determined. The results are
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compared to that of the theoretical model in Chapter 3.

The design considerations for the double-disc valve; based on the reéﬁlﬁé
of Chapters 3 and 4, are dealt with in Chapter 5. It is necéssafy to be
able to establish the criteria for system stability and performance. To
achieve this, dynamic equations of the valve are developed in Chaptér_6

based on approximate lumped parameter concepts.

Chapter 7 deals with experiments carried out with the prototype and pre-
production valves and possible applications of the valve are outlined.

Chapter 8 draws conclusions and gives recommendations for further work.

A. Usman ‘ ' AUGUST 1984
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2 Experimental valves and contirollers

During this study, two experimental double-disc valves were used. The& were

a prototype double-disc valve and the pre-production version of the valve.
Extensive tests were carried out with the prototype valve to determine its
characteristics and also to note the effect of parameter changes on its
performance. In spite of several disadvantages of the prototype valve, the
experience gained from experiments with it helped in the design and
construction of the pre-production valve. This chapter describes the
prototype valve and the design and production of the pre-production valve.
The principle of operation of both valves, which remain the same, is as

described in Chapter 1.

2.1 Description of a prototype double-disc valve

The prototype double-disc valve consists of three major components:- two
identical valve end-covers and valve centre section.bFig. 2.1 shows an
exploded viéw of the Prototype valve. The valve end cover incorporates the
electro-magnetic coil assembly, supply nozzle tube, coil adaptor and a
supply pipe fittings (see Fig. 2.2). The valve centre section has recesses
for two disc chambers, two load ports and a drain port connections. For .
experimental purposeé, the drain seats incorporating the drain nozzles, areﬂ
screwed into the chamber faces of the centre section. This allows different

drain nozzle configurations to be investigated.

Six radial slots are equally located around the disc chambers (see
Fig. 2.2) which allows fressure balancing across the discs. Theré is also
an annular groove in each valve end cover that links the radial slots inb
the valve centre section. Radial flow from each slot is collected in the
annular grooves before it goes to the load ports. With this arrangement,

the radial flow leaves the disc chamber to the load ports with low

A. Usman ' AUGUST 1984
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hydraulic resistance and also ensures even flow distribution around the
disc. The valve centre section incorporates two cross-drillings to allow
miniature piezo-electric pressure transducers to be connected into the

annular grooves to measure the load pressures in the two disc chambers.

The diameter of the disc chambers are slightly less than the outside
diameter of the electro-magnetic coils to prevent the coils beingb pushed
into the chambers by the flow through the supply nozzle tubes. The diameter
of each of the disc chamber is 25.4 mm and the outside diameter of the coil

is 27.0 mm. Both the supply and drain nozzles have projections (called the

supply and drain side holding gaps respectively) into the disc chambers.

The supply and drain side holdingvgaps are 0.13 mm and 0.38 mm
respectively. The stops on the discs ('see Fig. 2.3) associated with the
holding gaps, are required to prevent the discs from damaging the nozzle
seats. Initially, the depth of the stops on the discs is slightly less than
that of the nozzle projections to ensure a good seal on the nozzle seats as
it beds in with the disc after a few switching cycles. Damage to the soft
iron disc is prevented by using a hard disc insert screwed into the disc.
The supply nozzles are of diameter 2.54 mm gnd the arain nozzles are of
diameter 3.80 mm. The drain nozzles are lafger than the supply nozzleé to
-accommodate the stainless steel rod of diameter 2.38 mm and length 38.0 mm.
The floating disc is of thicknesé 3.60 mm and diameter 25.30 mm. The disc

maximum travel in its chamber is 0.23 mm.

The valve housing and the nozzles are made of brass to reduce magnetic flux
loss and remanence. The valve end covers and the coils are sealed by using
0 - rings. The coil has 380 turns of 34/35 SWG copper wire én a brass
spool. It is sealed in the magnetic iron core with araldite cured by
heating to 60°C for 2 hours. The araldite seals two external wires to the

coil and also provides a smooth face on the disc chamber end of the coil.
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The core around the coil and discs are made of REMKO magnetic iron and heat
treated after final machining operation to obtain good magnetic properties

from the material. Owing to the difficulty of machining a narrow and deep

annular housing for the coil windings, the magnetic core is made in two .

parts and pressed in afterwards to make a single body. The centre of the
core is drilled for a supply nozzle tube used as a passage for oil from.the

supply. Copper coil windings around a brass spool are cemented into the
housing of the core with apoxy resin. The winding terminals -are brought out

via a hole through the rear of the housing before being cemented.

2.2 Design and production of the pre-production valve

The prototype valve suffers the following disadvantages:

(1) 'weaf of the nozzlés and diécs as the nozzles are made of soft brass.
Shape not optimised to prevent cavitation.

(2) the clearance between the disc and the chamber diameters is not
optimised and thus leading to disc jamming.

" (3) the push rod is too long and buckling cannot be neglected.

(4) +the disc thickness is not optimised.

(5) thermal effects are not taken into account in the rod dimension as
well as non;optimal diametric clearance between the disc and its
chamber.

(6) the two disc chaﬁbers cannot eésily be made.identical as the chambers
are not accessible in the same way. They are also not interchangeable.

(7) oil leakage through the electro-magnetic coil assembly.

The supply and the drain nozzles of the prototype valve are not flush with

the chamber end faces. This allows as much pressure balancing as possible

round the disc in the steady-state condition and the attraction force and
remanenée would be too large if @isc adhered to the coil surface. In

consequence, the disc has to impact on the protruding nozzles, thus the

A. Usman AUGUST 1984
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nqzzles are prone to damage over a period of time. Damage could result in
incomplete sggling on one side and hence lack of symmetry of performance.
In addition, the push rod ( made of silver steel) tends to dent the soft
iron disc. This implies that the discs are also prone to wear. This wear
problem in the prototype valve was overcome by making the following
modifications: |
(a) stops were added to the edge of the disc (see Fig. 2.3),

(b) having a silver steel disc insert in the disc (see Fig. 2.3) and

(¢) replacing the brass nozzles with silver steel nozzles.

This implies that the central section of the valve is now made of hard
material and that the push rod now impacts on the hard disc insert while

the latter impacts on the hard protruding nozzles.

The wear problem becomes insignificant when operating the valve in a
proportional mode using pulse-width-modulation techniques. With this node
of control, if the carrier frequency is high, the disc (armature)

.oscillates in the disc chamber without touching the nozzles.

The pre-production valve design is aimed at eliminating these disadvantages

and the following are its advantages: |

(a) The design is in c#rtridge form and is easy fo aséemble and dismantle.

(b) The Qalve is designed to suit both ISO and CETOP standards. The
construction is éimple and reduces pressure drop through the system to
a minimum.

(¢c) There are few critical dimensions in the design; All the impértant
componenfs of the falve are produced by grinding or turning
operations. With grinding operations, accuracy of +0.01 mm can be
obtained.

(d) The stops on the discs of the prototype valve have now been removed

from the pre-production valve. This means that the discs are now flat
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and easy to pfoduce. From the magnetic force-stroke charécteristics,
tests carried out ﬁith discs with stops indicate a highly non-linear
behaviour which is less pronounced when the stops are removed.

(e) The stops on the discs of the prototype valve are now replaced with a ~
stopping ring. The purpose of which is to prevent the hammering force
of the disc on the protruding supply nozzle. The depth of the
projection is importaﬁt. It determines the amount of magnetic force
available when the disc closes off the supply nozzle and also the
pressure drop across the disc. The smaller the projection (supply
holding gaé), both tﬁe,pressure drop and the magnetic force available
increases. This holding gap can be altered by simply increasing or
decreasing the thickness of the stopping ring and altefing the length
of the supply nozzle accordingly.

(f) Unlike the prototype valve, the dréin nozzle and the drain seat are
combined as one item. This item has four stops which are flush with
the drain nozzle and thus the latter is protécted frqm damaging. The
drain seat is secured to the valve centre section with four 8BA
screws. The outside diameter of the drain seat is slightly greater
than that of the disc but less than that of the disc chamber diameter.
To prevent internal leakage, an annular '0' seal groove is provided.
The amount of prqjection of the drain stops, which is called the drain
holding gap (HGD), can be altered at will in the pre-production valve
by simply grinding the drain seat to suit the required depth. This is

- not possible with the prototype valve design. To adjust the holding
gap in the prototype valve, the drain seat has to be unscrevwed and
turned to the required depth. This approach is unsatisfactory because
there is no guarantee that the drain seat will be fully screwed to the
required depth. |

(g) The total disc travel in both disc chambers can easily be measured and
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()

(1)

(3)

2.2.1

a correction made by grinding.

For a given rod clearance, éhe length of the rod can easily be
obtained without assembling the valve. The required dimensions are the
total disc travel, the disc thickness, and the length of the valve
centre section. These dimensions are available without assembling the
valve. On the other hand, with the prototype valve, one side of the
valve end cover, one disc and the centre section has to be aséembled
before the actual rod length could be obtained. In most cases, the
other side of the valve has to be assembled and the rod length taken
again. The average value then determines the rod length as the two
disc chambers might not be identical. The drain diaﬁeter is greater
than that of the rod and as such the measurement taken might not be
accurate.

The pre-production valve can be used as a sw itching'or proportional
device by simply changing any of the following items: (1) the push
rod, (2) the drain seat, (3) the disc thickness and (4) the supply
nozzle.

The valve can be used for both high and low pressure applications by
changing the quantities mentioned in (i) and making the necessary

adjustments to the magnetic properties.

Design considerations

The design of the pre-production valve is as shown in the general assembly

drawing number CDL3-1/1. Section D-D of the drawing is as shown in drawing

number CDL3=-2. Funcfionally, the valve has five major components: valve

body, valve end cover, valve centre section, floating disc and flat-faced

electro-magnetic coils

(a)

The valve body (13) made of dural aluminum alloy, incorporates the

cross-drilling for the supply pressure P, drain T, service ports A and

A. Usman AUGUST 1984
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(v)

(e)

A.

B. The detail drawing of the valve .body is given in drawing number
CDL3-3. The port holes are counterbored for '0' seals (7). The load
ports ére at inclined angle to have CETOP 3 standard base mountings.

The valve end cover (1) also made out of dural incorporates a recess
to house a flat-faced electro-magnetic coil assembly and a coil
adaptor. The detail vdrawing of the valve end cover is shown in drawing
number CDL%-4. There are two identical valve end covers and they
incorporate cross-drilling and annular grooves for supply of hydraulic
0il into the valve chamber. The cz"oss-drilling for the supply in the

valve body links the annular grooves in the valve end cover. The valve

-end cover is fastened to the valve body with six M6 screws. Two holes

tapped M6 are also provided in item (1) to be used when dismantling
the valve assembly. A stopping ring (6) which is secured onto item (1)
by four 8 BA screws acts as a stopping pad for the floating disec (10)
and thus protect the protruding supply nozzle (2). The stops on item
(6) flushes with the supply nozzle (2) tip. The stopping ring (6.) is
as shown in drawing number CDL3-7 and is made of non-magnetic
stainless steel to reduce magnetic flux loés and remanence. |

The valve centre section (8), made of dural, incor?orates cross-
drilling for drain passage and annular grooves for the service porfs
and '0' seals. The valve centre section also have recesses for two
drain seats (17)~and two disc chambers that house the floating discs
and the clearance left in the chamber for the disc movements.‘ The push
rod (15) made of stainless steel is also part of the valve c;entre
section and is of length 24.89 mm and diamgter 3.18mm. The detail
featuresAof the valve centre is shown in drawing num‘ber CDL3-5. Item
(17), is shown in drawing no CDL3-7. Item (17)-whlich is made of non-
magnetic stainless steel, is secured into (8) with four 8BA screws.

The drain nozzle is of diameter 3.81 mm and it accommodates the push
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rod. The drain holding gap is 051 mm.

(d) The floating disc (10), made of REMKO soft magnetic material,
incorporates a diéc vinsert (16) which is made of harden silver steel..
The detail feature of the’disc and its insert is show_n in drawing
number CDL3-7/1. The disc form part of the»electro-magne'tic circuit‘ of
the valve. The floiating disc is. of thickness 0.38 mm and diameﬁer
31.65 mm. The disc maximum tra§e1 in ité chamber is 0.51 mm. |

(e) The flat-faced electro-magnetic coil assembly has a supply nozzle (2),
magnetic core (3), coil spool made of brass and a coil of copper wire
type 34/35 SWG. The cross-section of the electro-magnetic coil
assembly is shown in drawing numbers CDL3-6 and CDL3-‘-.6 MK2. The
magnetic inner pole core and the outer pole core of drawing number_'
CDL3-6 are combined as one item and made from REMKO soft magnetic’

iron. The detailed design procedure for the electro~-magnetic coil is
/

4

given in appendix Al. The supply nozzle is made of non-magnetic
stainless steel. It has a diameter of 2.54 mm and it projects 0.13 mm
into the disc chamber. The outside diameter of the electro-magnetic
c.oil is 27 mm and the coil has 438 turns of copper wire of insulated

diameter of 0.22 mm.

The pre-production valve was fabricated in the Mechanical Engineering
Departmental workshop- of Univversity of Surrey, England. The exploded view
of the valve is shown in Figure 2.4. Aléo shown in the figure is fhe CETOP:
size 3 sub-base mounting block which allov;s the complete valve assembly to
be removed without disturbing the connecting pipes. Figure 2.5 shows the
photograph of the assembled valve. The design was simple’ t§ construct and
there were no problem‘s: experienced while fabricati.n.g the valve. The overall

size of the valve is 70.0 mm x 76.0 mm x 127.0 mm long and w’eighs 1.8 Kg.
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The electro-magnetic coil components are shown in Fig. 2.6. The magnetic
cores of the electro-magnetic coils and the floating discs made of REMKO
magnetic iron were heat treated after the final machining operation to

obtain good magnetic properties from the material.

The strength of thé_bolts used to fasten the valve end cover to the valve
~ body are established by BS84 standard [50] and Engineering Sciences Data
Items No. 67019 and 72022 [51,52]. The result shows that six M6 socket head

screws have sufficient strength with a factor of safety of 3.5.

2.3 Valve electronic controllers

Both switching and proportional modes of operation have been demonstrated.
in open and closed - loop position coptrol modes. Chapter 7vdeals with thé
experiments conducted with the valve in these modes. Digital and analogue
}pulse-width;médulator'CPWM) and switching amplifiers have been constructed
for use with the #alves. The functions of the various amplifiers are

presented below.

2.3.1 Four-level switching amplifier

The switching action of the valve is effected with a four-level switching

amplifier. The cu:rent to each coil is coﬂtrolled by the switching
amplifier consistiné of operational amplifiers, fimers,.diode wave clippers
and a powér transigtor output stage. The detail design of this amplifier is
given.in.appeidii AZ;The switching speed of the valve may be enhanced by
using the established technique of overdriving the coil with a large
amplitude pulseAat'fhe commencement of switching (see Fig. 2.7). The
ﬁolding voltége pfovides enough electro-m;gnetic force to hold the disc on
the supély noZzle”séEt after switching is completed. The input to the
'amplifier is a square wave aﬁd the timers in the amplifier provide the add-

on pulse. The amplifier-can generating a maximum current of 2 A when driven
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by +15 V power supply.

2:3.2 Analogue pulse-width-modulator

The proportional action of the disc valve may be achieved if a simple
analogue pulse-width-modulator is used with the four-level amplifier. The
analogue pulse-width-mod\ilator has operational amplifiers and a comparator.
The detail design of this amplifier is given in appendix A3. The principle

of a pulse-width-~-modulation is described in appendix A4,

The constructed four-level switching amplifier has a limitation when used
with the pulse-width-modulator (PWM) amplifier. The period of the add-on
puise.from the monostable circuit of the four-level siitching amﬁlifier is
constant at a set value. Under PWM mode, the add-on fixed time d#ration
pulse from the monostable circuit dominates the control of the system at
small mark/space ratios so that the PWM has no effect on the system. On the
other hand, at large mark/space ratioé, both the add-on pulse and the PWM
controls the system. For a given carrier frequency, the add-on pulse width
or duration remains constant when the mark/space ratio of the PWM changes.
The effect of this is to create a hold-on ( or step) current on omne coil
when the other coil current changes in a linegr fashion with the mark/space
ratio of the ?WM. Typical res‘ults of an add;-on pulse of duration 1.5 msec
at a high carrier frequency are shown in Fig. 2.8. The figure shows that
the add-on pulsé introduces some non~linearity into the coil current as the
dec. input voltage of a PWM is varied for high carrier frequency. It also
shows that the add-on pulse durétion of 1.5 msec is too large for carrier
frequency of 250 Hz. To operate the PWM at high carrier frequencies, the
add-on pulse duration should be selected to be less than one-quarter of the
maximum period of carrier signal. The add-on pulse duration can easily be

altered by adjusting the timing resistor of the monostable circuit.
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This limitation can be overcome by removing the add-on pulse from the
switching amplifigr. This implies that proportional control may be provided
using the established pulse-width-modulation technique in which there is no
over-driving of the coil with a large initial pulse. A special aﬁplifier
incorporéting both pulse-width-modulator and switching amplifiers withou%

add-on pulse is described in the next section.

2.3.3 - Disc valve amplifier

The disc valve amplifier has an analogue PWM and a switching amplifier and
the detail design is given in appendix AS5. The pulse-width-modulation
action of the amplifier is obtéined with the aid of a built-in sawtpdth
waveform genefator whose output is compared with an error éignal to
generate a PWM signal. This PWM signal drives the switching section of the
disc vaive amplifier. This amplifier can be used to provide both opén:and
closed- loop control of the valve. The amplifier uses only one power supply
as against two used in thé four-level switching amplifier. With +15 V power

supply, the amplifier can providing a maximum current of about 1.55 A.

2.3.4 Digital pulse-width-modulator amplifier

The valve can be controlled remotely via a microprocessor with the aid of a
digital pulse-width—quulatoru.A 12-bit digital PWM amplifier, whose detail
design is given in appendix A6, may'be used with the switching section of
the disc valve amplifier. To use the 12-bit digital PWH to control the
valve, a 12-bit ADC (analogue to digital converter) board is required to
convert the anélogue command feedback signal to digital form fo£ closed-
loop operation. The 12-bit ADC bbard is also reqﬁired to carry out the

arithmetic summation of the command signal and the feedback signal.

An SBC-100 bus system was used as the micro-computer. The SBC-fOO bus
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system has a Cremenco board which has fwo serial and two parallel ports
( the two parallel ports were used for the input/output transmission
although only one‘serial port was used fo communicate with an operator via
a system console or VDU ), ROM boards were used to store the eomputer

software.

A computer program has been written in INTEL 8080 language to control the

digital PWM. A flow chart of the computer program is showh in Fig. 2.9.

PACL is the paekage command level and is the SBC-100 confroller parameter

access routine. The package can be_lqaded into read-only-memory (ROM) chips

on the ROM board. To start the package power must be applied to the
vcbmputer system when an automatic entry to the initialisation'routines is

made; if these procedures are successful an identificatien message is
. displayed on the system comnsole.

PACL ddmmyy:
»

where ddmmyy / is the day, the month, and the year of creation of the
‘curfent ?er§§on‘of PACL; |

* . is the package commahd request indicating that the system is
ready to accept a command.. | |

Alternatively, the package may be loaded from an external source into the

RAM area of the computer system which enables the operator to undertake

debugging, via the computer system monitor, during software development.

When the system is first activated, all system files are initialisedAwith
null arrays and the command level of package is entered. At this staée the
_ user can ask for help by typing H or HELP and the following message will

appear on the system console.

A. Usman , AUGUST 1984
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PACL FACILITIES AVAILABLE TO USER

DISPLAY - Display current values of controller parameter

RUN - ‘Request to enter digital-pulse-widthrmodulator routine
EXIT - Request to jump'ﬁo SBC~-100 monitor level

HELP - Request for help

MSPT - Modify ''SPT"’

where SPT holds the current values of controller parameter.

The control words to the digital.PWM is initiated by the RUN comménd and
the control words can be modified via MSPT command. The current content of
the contrbl words can bé~displayed via DISPLAY mode and EXIT stops any
processing of the computer system And Qeturn command level to SBC-100
monitor. The package can trap errors and each error is displayed. All error

service routines are treated as non-fatal and control is returned to the

- user.

This chapter has described the two experimental doubleédisc valves and
theif associated electronic controllers used in this work. The double-disc
valve characteristics rely on the complei interaction between the fluid and
electro-magnetic forces acting on the valve discs. The next chapter
4develops the steady-state theoretical fluid and electro-magnetic

characteristics of the valve.
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S Steady-state theoretical model of a double-disc valve

In this chapter, a steady-state theoretical model will be developed to
predict both +the fluid and electro-magnetic forces acting on the valve
discs. The fluid mechanics of the valve will be dealt with first, followed

by the electro-maéhetic characteristics.

.3.1 Steady-state fluid characteristics of valve

An understanding of radial flow between confined boundaries is of pfactical
importance in the design ‘of disc valves which employ the hydrostatic
bearing’principle. This study presents a combination of experimental data
and a theoretical analysis of radial flow between the parallel space formed

by the free-floating disc and its chamber wall using hydraulic oil.

Limited publications have been made of general radial flow between parallel
discs. Their analysee, however, have been accomplished under different
‘conditions, as the problems to ehich the resuits of their anelyses are
intehded to apply are different. The characteristics of flat disc valves
have been investigated by Oki [29] for the conditions that the region of a
radial-flow is short and the clearance is wide. In 1964, Takenaka et el
[28] also presented work onkthrust on disc valves. Hagiwara [53] studied
the characteristics qf radial-flow nozzles. Moller [54] aleo investigated

the radial flow between parallel discs.

In all these studies, the fluid from the source is supplied through a
central tube or nozzle into‘the parallel space between the two disce and
discharges to +the atmosphere. In case ofbthe double-disc valve under
investigation, the free-floating disc is in contaet with both an inward and
outward radial flows. That is the free-floating disc 1is completely

submerged.
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Pigure 3.1 shows the general geometry of the »double—disc valve under
investigation. The notation used through out this analysis is as shown in
the figure, in which six distinct flow regions are defingd. They are
regions A, B and C denoted for the supply side of each of the disc
elements, and regions D, E and F denoted for the drain side. Region A‘
comprises the supply tube nozzle. Region B is defined for the supply nozzle
land region and up to the point whére the flow leaves the mnozzle is
assumed to be re-attached. Region‘c is the radial outward flow region
formed between the floating disc and the'supply side chamber wall. Region D
is the radial inward flow region formed between the disc and the drain side
chamber wall. Regioh E is defined for the curtain volume whefe the radial
. inward flow is affected by'the drain nozzle protruding into the disc
chamber. Region F is defined by the annular volume between the rod‘and the

drain tube up to the drain port..

In Pig. 3.1, the flow from the supply, at pressure P;, passes through both
‘the curtain areas of the two supply nozzles into the supply side of the
disc chambers. 7From the curtain areas, the flow is discharged radially
outwards into‘annuiar grooves; The annular grooves link both the drain side
of the disc chambers and the external load ports. From the annular grooves,
either all or part of the flow discharges radially imwards into the dfain
side of,the disc chambers. At the same time, some of the flow either pésses
into or coﬁes ffom the ‘external ioad into the disc chambers ‘depending on
the external load and the position of the discs.  Finally, from thewdrain
nozzles, the flow leaves the valve at drain pressure through an annular

passage way formed by the drain nozzles and the push rod.

Felet Pressure - flow equations

Region A : Assuming in this region that the flow is laminar, fully

developed - and incompressible, the flow through the supply nozzle tube is
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given by

T Dg:ﬂ
qs = (Pg = Pyy) ’ (3.1)
128 n L

snti

Begion B : In this region, the valve is assumed to be operating on the
orifice principle. The flow is further assumed to reattach at some distance
of radius ry¢y in a similar fashion to nozzle-flapper.arm configuration. The

flow is given by [55]

o 2(Pyy - Pyp(ray)) ‘
a1, = Cpng 27 Tpgt {// ’ (3.2)
R

This equation can be rewritten as
q%L '

Pyp(ra)) = Py - G2 — : (3.3)
x2

where

Cio= €/ (sfrzcgns r§s1) | (3'4)

As x 1is  increased the annular curtain area (TTDns1x) ipcreases till
x = Dns1/4 when it is equal to the supply nozzle cross-sectional area. It
can be seen therefore that the sensitivity of the valve will decrease since
the importance of the nozzle résistance will increase as the disc travel
(valve gap) is increased. At large openings the flow will be entirely
controllgd by the nozzle and changes in the disc travei w#ill not influence

the flow.

Owing to manufacturing constraints and because of the strength requiréments
the tip of the nozzle is not sharp and the land so produced can easily be
greater than the disc travel or valve gap. Under such conditions, according
to Lichtarowicz [34], the flow mechanism is no 1longer simple and
considerable variations of the flow and force characteristics can be

expected.
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Reggon C : In this region, the following assﬁmptions are made: (a) the flow
is steady, (b) the flow is incompressible, (c) the flow is fully developed,
(d) no rotation of the disc in its chamber, (e) the'fléw is onlyrin the
radial directioﬁ, (f) convective acceleration is;negligiblé, (g) the disc
is parallel to the_cﬂamber end walls and (h) the fluid films are so thin in
relation to the dimensions of the componenﬁs, measured within the plane of
the surface, that the flow of fluid may be considered to be determined by

viscous forces only, inertia effects being temporarily ignored. .

Assumption (a)-(c) implies that laminar flow exist in this region. Under
these ébnditions, the radial flow Navier—Stokesveqﬁation applies
3n An edn dn . c?

‘étA 'Ar rBQ _‘ 3‘{: T
1 3P 13[ ¥n 132 Yn o 2 e

sFg--— V| o= |t —t— - — - — — (3.5)
C.Br r‘ar ar .r2392 }22_ r2 1239 k
The continuity equation is given by
1 13 v
_—é— (nr)+-—+-— = O » (3.6)

r dr r 39_ At

If the fluid is assumed to be incompressible and uncavitated, then under
‘assumptions (a)-(h) and from equations (3.5) and (3.6), the flow, g, across

any annulus of radius r can be shown to be [56]

Mrhd dp . _
q 2 - PRy » (3'7)
6 p dr

The negative sign signifying that flow will be outwards' when dp/dr is

negative and inwards when dp/dr is positive.

Integrating equation (3.7) and applying the boundary condition of r = RL,.
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p = Py we have

6 1 qqy, ' o

Pyy(r) = Py + ——— 1n (Ry/r) S (3.8)
ﬁh?x,

where ‘

h1Li= HGS + x . » .': (309) i

Equation (3.8) ignores inertia effects qompletely and represents, simply, a
balance betweeﬁ' pressure forces and visgﬁus shear:forces. In many 1low
Reynolds number floﬁs accéleration is present and inertia effects’ may be
significant [57]- The most common field in which equgtion (3.8) is applied
is that of hydrodynamic 1ubricatioﬁ. Recent work iﬁvfhis field has focussed
attention on inertia forces, and several workérs [57-59] have indicated
‘methods - of analysing the viscous flow which include inertia effects. The
methods described amount to solving the equation of motion- approximafely;
in its integral form,‘as first suggested by Karman in his mom;ntnm-equation '
approach to boundary 1layer theory. Jackson et el» [59] obtained an
expression for the preséure distribution in a hydrostatic thrust bearing
using an existing series expansion solution for radial flow betﬁeén

parallel planes.

The inertia term quoted by different authors are

0.150 ¢Q2 11 ‘
— —_— - -] Liversey [57] :
122 o |

0.193¢Q2 [ 1 1]

—_——-— Savage [58] §na Jackson et el [59]
2 | B o | N | |
0.125¢Q2 [ 1 1] - .
—_— | - — - McCandlish [60]
71212 | 13 |
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Savage {58] results agrees quite well with experimental data of Moller [54]
using ‘air as the fluid, except near the channel entrance where it falls
below experihental data. Savage also agrees'with that of Jackson et el
[59]. It can be seen that the inertia effect predicted by Liversey [57] is'_
some 23 per cent below that of Jackson et el [59] and Savage [58] and 17-

"per cent above that of McCandlish [60]. Jackson et el [59] results provide
a reliable estimate of the pressure distribution ;n a hydrostatic thrust
bearing taking account of inertia effects as well as viscous effects; Their
result demonstrated that the inertia effectvcorreCtion_is underestimated by

the momentum integral approach.

Using Jackson et el [59] inertia term, equation (3.8) becomes

6 payy, o193 ¢afy [ 1 1
Pyp(r) =Py + in (Ry/r) + —_——— - (3.10)
iy, | Uk R

It can be seen that this is made up of a viscous pressure drop and an
inertia contribution which  is opposite in sense and which becomes

progressively more important as the flowrate or the gap increases.

When r =Tr the radius at which the flow is assumed to be reattached to

aly

the disc, equation (3.10) becomes

omary  oamed [0
Pyp(rgy) = Py + 1n (Ry/rgy) + ——————— |— - — (3.11)
: ) 23,2 2 2
M nfy, M “hiy R, Tht

The reattached radius fa1 is known from experiments to be equal to
approximately 1.5 times the supply nozzle radius. That is

rgy = 1.5 Ty (3.12)
Moller [54] theoretical and experimental results showed that with the flow
separating at the channel inlet, the reattachment distance is a function of

‘the channel width (distance between the disc and the channel wall) for a
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given inlet nozzle diameter and is independent of Reynolds number and the

" diameter of the discse.

Region D :  The flow in fhis region is similar to that ofrregion C except
that the flow is no; inwards. Some work has been done on radial inward flow
by Hagiwara [53] who carried out both theoretical and experimental
investigations into radial outward and inward flow by using the Navier-
Stokes equations. His results showed that the pressure loss as a result of
inwards flow is greater than that of outward flow. The same inertia term
but opposite in sense to that used in the'outward flow is assumed to apply

in this region. Therefore,

| bpuar - 0.193¢afp | 1 :
Pyp(r) =Py + 1n (r/Ry) + —_—-— : (3.13)
22 2 g2
Tinfp - T%hig B
where '
hyg = HGp + Tp - x o S (3.14)

When r = rygg, the radius at which the inward flow separateifrom the disc,

equation (3.13) becomes

6 uasp 0g3eafp |1
Pip(rag) = Py + ln (rge/Ry) + == (3.15)
' 2,2 2 2 |
Tinfg - Ty |rie BE

Again ryc is assumed to beb1.5 times the drain nozzle radius. That is

k rdG = 1.5 an - (3'16)

Region E : In this region, the flow is assumed to follow an orifiéé~type
equation. The flow is given by

2(P1g(rgg) - Pyr)

Equation (3.17) can be rewritten as
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2 .
4L
Pyg(rgg) = Pyy - Cyy ———— | (3.18)
(1p - X)?
where

Region F : In this region, the flow passes through the annular passage

formed by the rod and the drain nozzle. The annular flow is by [55]

3
T B | 1 + 1.5(2) 1 [Pt - 2]

Qg = - (3.20)
12 M Lpn gy |

where b

(A

-(DnD - Dg)/2 , passage height

[}

misalignment of rod from centre

If there is no misalignment ( that is € = 0) then equation (3.20) can be

rewritten as

-~ 12MLppgr 1R | | -
= PD + o (3'21)

Pai
D | |
Equating equations (3.15) and (3.18) and substituting for P,4 from equation

"(3.21) gives

2 2
- 4R UR UR
Py = Pp + Cyg agp *+ Cqy - G5 — = Cy3 — - (3.22)
(Tp - x)? by hig
where
0.193¢ | 1 1
Cy3 = _-— - (3.23)
2 2 2 '
T RL' T3
6 p
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T D b

_From equations (3.3) and (3.11) we have

2 2

. 4L Q1 Q4L

Py = Ppy - Cjpg —— - C1g — - Cyy —
~ 2

‘? B{, hiy,

where Cyo is as defined in equation (3.4) and

“

6 n .
Ci6 = —— 1n (Rp/ryy)

¢

Equation (3.1) can be rewritten as

Ppt = Pg = Cq7 915

" where

128 tLgpgg
017 E S —

T1 D4

nsi

Under no load condition,

s = 4 T YR T U

From equations (3.22), (3.26), (3.29) and (3.31) we have
2 ~

A1q1 + B1Q1 - (PS - PD) =0

where '

Cyy Ciz  C43 . Cig

P mmm—e - —

A1=
(p - x2 2w w2
Ci5 Cqs
By == =—*— +Cy7 +Cyg

n{p  BiL
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(3.25)

(3.26)

(3.27)

(3.28)
(3.29)

(3.30)

(3.31)

(3.32)

(3.33)

(3.34)
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Equation (3.32) can be solved for qq as

- By + /312 + 44y (Pg - Pp)
a4 = | (3.35)
2 A |

For a given value of disc displacement, x, equation (3.35) describes the -~
- flow through the disc chamber 1. Similar expressions apply to the valve

disc chamber 2 with suffix 2 instead of 1, R instead of L, and x replaced

by .(TD"X) .

The net flow qp, through the valve is given by the sum of flows through'the
disc chambers 1 and 2 under blocked-load conditions. That is,

ar = 91 * ap (336
The valve load pressure Pp is given by |

P, =Py - P, S (3.37)
Dividing equation (3.37) by the supply pressure, Py, give the non-

dimensional load pressure characteristics of the valve.

3e1a2 Static fluid forces

The steady-state force acting on the supply side of disc 1 is given by

¢ % t
F‘L = + ﬁr%1 Pb1 + 2T1JL P1L(r) r dr ‘ ’ (3.38)

2 Agp Tat

Substituting for Py1(r) from equation (3.10) and integrating we have

¢af | | af a

Fig, = * Mgy Pyy + Cpqp Py + (Cppp - Cyzp) — + Cpgp —  (3.39)
2 Agy 5 By

Wwhere |

Cyqp, = W[ B - 5y ] | | (3.40)
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0.193 ¢ )
Croap, = — 1 - (rgy/Rg) (3.41)
C13L = —T In (RL/rm) ) (3042)

The fluid force acting on the drain side of disc 1 is given by

o
F1R = Zﬁj P1R(I‘) r dr : ) 4 (3'44)
TdG

Substituting for Pyg(r) from equation (3.13) and integrating we have

q% ' q4
Fip = Cyqgp Py * (Cy3p = Cypp) — - Cyyp — - (3.45)
| | , 5 |
hir hig

where coefficients Cyqp to Cyyp are the same with that of Cyyp to Cyyy with
- suffix dG instead of al. Again similar expressions apply to the valve disc

chamber 2 with suffix 2 instead of 1, R instead of L, and x replaced by

(TD - x).

Now thé resulting static fluid force F; acting on the two discs and the
push rod moving together as a rigid body is the difference of the net fluid
forces Fy and F, acting on the discs. Thus |

Fe=¥Fy -Fp = (F1L - F1R) - (FZR - FZL) (3.46)
The net fluid force can be expressed in non-dimensional form as -F by
dividing equation (3.46) by the static pressure force acting on the

.floating disc when it closes off the supply nozzle.

Fele3 Boundary Conditions

As earlier stated, the steady state analysis of the valve fluid mechanics
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is based on a blocked-load conditions. Under these conditions, when the
disc displacement is zero, (that is the left-hand disc closes off the
supply nozzle and the right-hand disc closes off the drain nozzle (see

Fig.3.1) equations (3.47) through'(3-53) applies.

gy =gy =Py =Fg=0 | (3.47)
Fy =Tir3y Pg - (3.48)
where ryy = (Dgprq *+ Dpg1)/4 (3.49)
For, =T(RE - r3;) Pg - (3.50)
where rgqy = (Dypp + Dpp)/4 (3.51)
Fop =TIRS Pg | (3.52)
Py =Py | | | (3.53)

Similarly when the disc displacement is equal to the total disc travel,
(that is the left-hand disc closes off the drain nozzle and the right-hand

disc closes off the supply nozzle) equations (3.54) through (3.59) applies.

9 = qp =Py =Fp, =0 | | - (5.54)
Fy, =TRf Pg (3.55)
g - G2 - 2y 2, (5.56)
Fop = TMr2, Pg . (3.57)
where ryo = (Dgpyo + Dpgn)/4 | (3.58)
Py = P | (3.59)

In equations (3.48),(3.51),(3.57) and (3.58) it is assumed that the static
pressure acts approximétely on the projected area of the mean radius of the

nozzle land on the floating disc.

3+1+4 Numerical computations of valve fluid characteristics amnd results

The Dbasic steady-state fluid characteristics of the double-disc valve are
as described by equations (3.1) to (3.59). In formulating these equations,
it was assumed that the two disc chambers could be different and as such

different notations were used for the two chambers. For example, the two
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disce might Thave different diameteré and = thus ‘making the valve
unsymmetrical. For the symmetrical double-disc - valve, all the
corresponding parameters of the two disc chamber would be equal. This
implies that the same equations could be used to simulate both symmetrical

and non-symmetrical double-~disc valve.

A computer programme has been written in FORTRAN 77 +to determine the
steady-sfate fluid characteristics of the doﬁble;disc vélve model based on
equations (3.1) to (3.59). These equations are solved numerically at a
given disc displacements x using Shell Tellus R37 oil as the valve fluid
medium. For a given total disc travel Tp, the disc is given an incremental
displacement of one per cent of Ty and the valve discharge coefficients are
obtained from the empirical formulae developed in Chapter 4. Using this
discharge coefficient data, the chamber pressures, flowrates and the fluid
forces acting on the floating discs are estimated. The computer programnme
is made highly interactive and several subroutines have been developed to
display the package results graphically. .To aid undefstanding of the
steady-state characteristics of the double-disc valve, the programme has
been made into a computer-aided design package. A flow chart of the package
is given in appendix A7. The package displays all results graphically and

the user may select which results are to be displayed.

The valve main paraméters used in the package are: DSD, Disc diameter;
TD, Total disc travel; HGS, Supply side nozzle holding gap; HGD, Dfain side
| nozzle holding gap; SND, Supply nozzle diameter; SNLD; Supply nozzlé land
diameter; DNLD, Drain nozzle land diameter; SKTL, Supply nozzle tube
length; PS, Supply pressure; CR, Rod clearance; RODD, Rod diameter;
DND, Drain nozzle diameter; DRTL, Drain noz;le tube lengéh; v3co, 0il
viscosity; VSCF, Valve linear scaling factor; CRNT Coil current. The values

of these parameters used in the paékage are shown in Table 3.1.
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Table 3.1 Physical constants of the valve main parameters

DSD = 31.65 mm PS = 105.0 bar
TD = 0.51 mm CR = 0.00 mm
HGS = 0.13 mm RODD = 3.18 mm
HGD = 0.51 mm DND = 3.81 mm
SND = 2.54 mm DNTL = = 3.81 mm
SNLD = 3.05 mm’ VSCO = at 35 °C
DNLD = 4.57 mm VSCF = 1.00

SNTL = 15.88 mm CRNT = 0.00 &4

" The package allows anj of the main parameters governing the valve
“performance to be varied independently. The paékage will be used to show

the effect of the main parameter changes in Chapter 5

Figure 3.2 shows a typical fluid forces acting on a single disc chamber as
the disc moves from the supply nozzle land to drain nqzzie land. Noting
that positive disc displacement is defined for disc movement from ;eft to
right in Fig 3.1 and positive fluid force are assumed to act in - the same
airection. In Figure 3.2, when the disc is given a small displacement, the
fluid forces increases to a maximum and then decreases to a minimum near
the mid-position of the discitravel. From the supply nozzle tip to the mid-
position - of disc travel, the supply nozzle curtain ﬁrea dominates the
control of the valve. The position where the maximum fluid forces first
occur is about 10 per cent of the disc total travel Tp. When the disc
displacement is further increased pass the mid-position, .the drain nozzle
now dominates the valve control and the fluid fofée rises to a .maximum
before it decreases to a value depending on the dréiﬁ nozzle land diameter.

The rise in the fluid force is due to flow restriction that occurs when the
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disc approaches the drain nozzle.

The rise in fluid force that occurs when the disc is approaching ;he dfaiﬁ o
nozzle is disadvantageous in a double-disc valve operation as this will:
cause unstable valve performance pear its null position. That 1is, there
will Dbe point of inflexion near the valve null which is not desirable in'
proportional operation of the valve (see Fig.3.3). The theoretical steady-

state fluid model for the valve has shown that the ratio of tﬁé drain -
nozzle area to that of the supply nozzle influences the fluid forces acting
on each disc in its chamber. The level of rise in the fluid forces when the
disc approaches the drain nozzle can be controlled by the correct choice of

drain nozzle geometry and drain holding gap.

¥here  the net fluid force eurve crosses ' the displacement axis it
corresponds - to the position of zero net fluid force and the disecs and‘ the
rod assembly is stationary at that point if the curve gradient is negative.
From Fig.3.3 it is seen that when x=0, the net fluid force is negative and
the disc will not lift from its supply nozzle seat; For this reason, a rod
length is used with a clearance which is greater than the distance between
the suppli nozzle tip and the position where the fluid force cease to be

negative.

Figure 3.4 shows typical total drain flow under blocked-load conditioﬁs.,
The . leakage flow is maximum at the mid-position of the disc travel and

decreases rapidly with disc displacement away from this position‘ bécausé 
the disc modulates the valve orifices. This curve is a measure of hydraulic:
power loss if the valve is modulated under blocked 1oad>conditions. Figure.
3.5 shows a typicéi'non&dimensional ioad pressure cﬁrve ébtained from the

theoretical modél under blocked load conditions. The load pressurej"
difference Py exhibits reasonable linearity for small cﬁanges from the null

condition although the hydraulic stiffness of the valve is low compared to-
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a conventional servo-valve.

3.2 Electro-magnetic characteristics of a flat-faced type coil

The flat-faced armature type of electro-magnetic coil used to actuate the
double-disc valve is illustrated in Fig. 3.6. It has a flat-faced armature
(dise) made from REMKO soft magnetic iron, and a magnetic core having a
central hole. The éentral hole admits a supply nozzle tube through “which
hydraulic oil flows into thé valve. The electro-magnetic coil has two
working gaps that are mechanicallj in parallel but magnetically in series.
This type of electro-magnetic coil produces s large force through a = shorst

stroke compared to the plunger type of magnet.

There is little literature on this type of électro-magnetic coil. However,
the design and arnalysis is well covered in .books by Roters [61] and
Hazeltine [62]. Yllksel [35] uses this type of electro-magnetic coil in his
study. The electro-magnetic characteristics of the coil based on the semi-

empirical formulae of Roters [61] will now be developed.

3e201 Magnetic circuit calculation

Fig. 3.6 shows a section of a flat-faced electro-magnetic coil. The iron
paths of the magnet are so designed that the cross-section of the inner
pole core equals that of the outer, and the free-floating disc (armature)

cross-section at the radius (ry+ r)/2 is equal to that of the pole cores.

The force exerted by the coil is given by
2
_ ng Bg &g

2 Rg

F (3.60)

m

where n, is the number of working gaps, Bg the flux density in the working

gab, Mg the permeability of the working gap and A, is the cross-sectional
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area of each of the working faces.

The exciting magnetic magnetomotive force NI, which provide the flux
required for the given force and stroke, is determined by the magnetic

circuit equation for the electro-magnetic coil. This equation is given by
2 B, x

NI = g "8

+ TH{ Ly (3.61)
P'g '

where the first term represents the magnetomotive force necessary *to
establish the flux at a density of Bg across a working gap Xgs and the
second term represents the magnetomotive force necessary to establish the

flux in the iron paths of the circuit.

There are two working gaps in series in this type of electro-magnetic coil
hence the factor of 2 in equation (3.61). This implies that'nw in equation
(3.60) will take the value of 2. If it is assumed that E:HiLi is small

compared to 2 B, xg[pg we have

2B_x
NI = —0b 8 | (3.62)

Mg
Substitution of equation (3.62) into equation (3.60) with n, = 2 gives
’ 2
Fy = pg A, (ND)?/(4 32) (3.63)

Equation (3.60) takes_into consideration both the magnetic leakage and iron
saturation of the electro-magnetic coil while equation (3.63) ignored these
factors. Therefore for a given magnetisation curves of a magnetic material
used in the coil, equation (3.60) will describe the electro-magnetic force-

stroke characteristics of the coil better than that obtained from equation

(3.63).

The ratio of the magnetic forces in equations (3.60) and (3.63) can be

expressed as the coil leakage factor as
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1 N NI 2 k
fL = - [ g ] ) (3.64)
4 | By x5 .

The flux distribution of the various parts of the magnetic circuit can only

be determined from the coil leakage coefficient. To determine the leakage
coefficient, the permeance of the various parts of the magnetic circuit had
to be estimated. These permeances are given by'the ‘semi-empirical formulae

of Roters [61) and they are quoted below.

The inner pole fringing permeance is given by
rp - T ‘
Pps =3.26 po vy + 4 p, vy In | — v (3.65)
. i Xg : :

The outer pole fringing permeance is given by

' 1'1 ' 1‘2-1'1
Pf°=1f63pgr3+2pgr31n 1+ = +3.26pgr2+4)1gr21n —

Xg . T Xz |
(3.66)
The useful gap permeance Pug is given by
(ry - 1)
(Pug)inner = (Pug)outer yﬁ“g N (3.67)
g

~The total effective ﬁermeance?te through the disc between the inner and

outer pole core, is

P, - | L (eee)

e
1 1
+
Pug * Pri Pug * Pro
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The leakage pérmeance P;, between pole cores, is

(1‘2 + 1‘1) (I‘2 + 1'1) fog
- 1

Pr, = pg|1.57 b - (3.69)
(rp = ry) 2 To ~ Ty
The total useful permeance P, of the coil is given by
Ma, ( ry - fo)z .
Py = — (3.70)
2 Xy
The effective permeance of the pole cores is given by
2
Perrp = Pge * 3 PL (3.71)

The leakage coefficient Cyy which is the maximum flux 1linking with the

exciting coil to the useful flux (i.e. flux in working gap) is given by
Cpp = —— ‘ (3.72)

- The useful density of the various parts of magnetic circuit are obtained
from the following semi-em?irical formulae from Roters [61]. It has  been

assumed that the smallest value of the flux demnsity is equal to that of the

yoke, By'

The flux density of the working gap is given by

By = Cg By ' (3.73)

where Cg = 1/Cyx

The flux density of the armature is

By = Cg By (3.74)
where C, = Py /(P, Cqy )

The flux density of the pole core is given by

B, =C, B, -  (3.75)

P Py
where C, = Peffp/(Pu Cix )

. By definition, the flux of various paths of the magnetic circuit is

obtained by multiplying the various flux densities by the appropriate
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cross-sectional area.

The mégnetomotive_force NI, for the iron parts of the magnetic circuit are

- obtained from equation (3.61) with the following equation
'2H1§i = HpLy + Hplp + Hylg (3.76)

The magnetic intensities (H) are obtained from the experimental
magﬁétisation cﬁrves for the REMKO magnetic material used (see appendix
A8). The exciting current can be obtained fron equation (3.61) and
knowledge of the total number of coil turns.

From-Fig. 3.6, the total length L; of the magnetic circuit is seen to be
equal to the sum of twice the length of pole core (Léc)' the length of the
armature Lg and the length of the yoke, Ly. That is

Ly =Ly, + L + L (3.77)

p y

The lengths Ly, ﬁa and Ly can all be express in terms of the electro-

~magnetic coil geometry as follows

L, = (1’3 +rp -1y - ro)/2 ', " | ' - (3.78)
Ly = Ly (3.79)
Lp = 2Ly = 2(h + x,) + t5 + 4, (3.80)

For a good coil design, the disc (armature) thickness t,, must be equal to

tp, the coil pole thickness.
- The cross-sectional area of each of the working surfaces is given by

Ac =1T(1% - r(2)) =ﬂ(r§ - I‘%) =Tf(r1 '+ rz)ta =‘U(1'1 + rz)tp (3'81)
and the following inequality should hold for weight economy [61]

"3£hﬂq-rﬂi4 | : ' (3.82)
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3.2+.2 NHumerical computations of valve magnetic characteristics and results

From equations (3.60) through (3.82), it can be seen that the electro-
magnetic characteristics of the coil are highly non-linear. These equations
are best solved using a numerical technique. A FORTRAN 77 program has been
written to compute the steady-state electro-magnetic characteristics of the-

coil. A flow chart of the program is given in appendix A9.

The method used involved an iterative approach in which the flux densities
needed were obtained from the experimental magnetisation curves supplied by
SKF REMKO magnetic iron manufacturer (see appendix A8 )e The B-H data were
obtained from these curves and a polynomial functién of the form HBﬁ = £(B)
was obtained using a Chebyshev se;ieS'with a NAG libr#ry routine EO2AEF
[63]. The program whose flow chaft'is shown in appendix A9 is divided into

two parts.

The first part of fhe program compute the relaﬁionship between an electro-
magnetic force and magnetbmotive force for various working gaps (disc
- displacements) in the range 0.13 to 0.64 mm. For each of the disc
displacements, the coil perméances and the coil leakage flux coefficients
are calculated. After which the flux density of the yoke of the REMKO
magnetic iron is assumed and the flux densities of the armature (disc) and
magnetic pole piece are calculated. From these flux densities, the flux
intensities of the various part of the magnetic circuit are calculated from
the function HBN. Finally, the electro-magnetomotive -force and magnetic
force are calculated. Fig. 3;7 shows the relationship between the electro-
magnetic force and the magnetomotive force NI for various distances between
the coil face and the disc. ZEach curve represents the magnetic force
against ampere-turns for a consfant gap between the coil and the disc.
Curve OAB represents the case when the gap is a minimum which correspond to

the point where the disc is touching the supply nozzle land. The supply

A. Usman AUGUST 1984



. Steady-state theoretical model ‘ 69

nozzle projects above the coil surface and the amount of projection 1is
called the holding gap (see Fig. 1.3).“Curve OCD represents the case when
the gap is a maximum. That is the dise has moved its total travel and is
touching the drain nozzle land. Curve OAB is seen to represent‘the force
holding the disc against the supply nozzle before switching occurs while
curve OCD represents the attracting force pulling the disc towards the coil
immediately after switching is initiated. For magnetomotive force and gap
valueé below the line marked AC,  the gradient of thé curves are much
greater than when above the line. This is due to the transition in the B-H
characteristics from the unsaturated region into the saturated region. Best
results can be obtained from the electro-magnetic coil if it is operated in
the unsaturated region. For a given coil size, the number of coil turms N,
is constant and the minimum current I;;, to operate the coil in the
unsaturated region is given by Q% where distance OE is as shown in
Fig. 3.7. The maximum current I, is given by Of where OF is as shown in

the Figure.

The second part of the program computes both the magnetic force and the
coil leakage factor f; as obtained from equations (3.60) and (3.64)
respectively for a given coil current and various disc displacements. An
iterative method is used and the approach is described below. For a given
current and coil tqrns, NI is known. This is denoted as EMFT in the
program. Based on thé permeances and flux densitieé, the flux intensities
- of the various pérts of the electro-magnetic circuit are obtained from the
polynomial function HBN = f(B). This polynomial function describes the H-B
relationship of the REMKO magnetic iron used to construct the electro-
magnetic coil. From the flux intensifies and the magnetic circuit lengths,
NI is estimated (see equation (3.61)). This is denoted as EMFTC in the

program. The difference between EMFTC and EMFT is calculated. If EMFTC <
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EMFT, the flux demnsity of the yoke is given an incremental value and EMFTC
estimation process is repeated. This iferative broceSS»is carried out
until the estimated value of NI ,EMFTC, is about equal to the known value,
EMFP. The maximum iterative process is limited to 100. When the estimated
NI (EMFTC) equal to the known value (EMFT), the magnetic force is

calculated based on the flux density of the working gap.

The +theoretical magnetic force-stroke curves of the coil are shown in
Fig. 3.8. Bach of the curves represent a magnetic force against disc
displacement for a constant coil current, CRNT. The Figure shows that the
magnetic force rises sharply as the disc approaches the coil surface. In
practical applications of the electro-magnetic coil, the disc is not
allowed to touch the coil surface to'érevent excessive magnetié force
remanence. For this purpose the hoiding gap is provided and the wuseable
region of the force-stroke characteristics is shown in Fig. 3.8 as the
total disc travel. Increasing the disc travel further than this region,
might not provide enough magnetic force to pull the disc towards the supply

nozzle.

The coil leakage factor fL, as expressed in eguation (3.64), is shown in
' Fig. 3.9 for various coil currents, CRNT and is the ratio 6f the magnetic
force obtained from equation (3.60) to that from equation (3.63). The
magnetic force as expressed in equation (3.66) takes care of diron
saturation while that of équation (3.63) ignores iron saturation. From
Fig:3.9 it can be seen that the coil leakage factor is high for small gaps
between the coil surface and the disc. 7For a small coil current, the coil
leakage factor appr&aches unity gt a faster rate as compared to higher coil
current. Decreasing the coil current from 1.5 to 0.5 mA, the coil leakage
factor drops from about 77 to 10 for a working gap of 0.03 mm. As the disc

displacement is increased beyond 0.30 mm, the coil leakage factor tends to
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unity for all coil currents. It can therefore be concluded that equation
(3.63), which ignores iron saturation, may be used to estimate the magnetic
force-stroke characteristics of a flat-faced type electro-magnetic coil for
disc displacement greater than 0.30 mm. However, as most disc displacements
are below this value, equation (3.60)Eshou1d be used to estimate the
magnetic characteristics. For low magnetic hysteresis, the disc should not
be operated close to the coil surface. Hence the correct selection of.

holding gap is critical in the valve design.

The steady-state theoretical fluid and eleCtro-magnetié characteristics of
the double-disc valve have been presented in this chapter. The experiments
carried out, on a physical model of the valve, +to validate both the
theoreti¢al fluid and electro-magnetic models are presented in the next

chapter.
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Fig. 3.2 Typical fluid forces acting on a single disc valve.
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Fig. 3.3 Typical net fluid forees acting on a double-disc valve.
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Fig. 3.4 Typical drain flow under blocked-load conditions.
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Fig. 3.5 Typical non-dimensional load pressure curve.
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Fig. 3.7 Theoretical magnetic force versus magnetomotive force curves.
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CHAPTER 4

EXPERIMENTAL INVESTIGATION OF FLUID FORCES AND ELECTRO-MAGNETIC EFFECTS



bxperimental magnetic and Iluid mechanics

4. Bxperimental investigation of fluid forces and electro-magnetic effects.

4.1 Introduction

A disc valve operation is controlled by the complex interaction between the

fluid and electro-magnetic forces. To gain an insight into the valve

performance, these forces musf be clearly studied. It is the purpose of
this chapter té discuss fhe tests carried out to détermine both the fluid
and electro-magnetic force characteristics of the valve. The description of
the physical model.of the disc valve (test valve) and the associated test
rig are presented. The test valve has a single disc in a single chamber and
is intended to simulate both single and double-disc valve flow patterns.
The rig hgs the facility for allowing radial flow across the disc faces in
both directions to simulate flow into and out of the load port and into tﬁe _
drain connection. The ex?erimental data obtained will be used to compare

with the theoretical results of Chapter 3.

:4.2 Fluid mechanics of valve.

4.2.1 Description of fluid force test-rig

The fluid force test-rig has a hydraulic power pack unit, Hounsfield
. Tensometer, the test valve, air cooling fan and hydraulic pipe nétwork that
includes twb turbine meters with overlapping flow ranges. The fluid force
test-rig is schematically shown in Figure 4.1. 'The essential components of

the test-rig are shown in Figures 4.2 and 4.3.

The hydraulic power pack has a pump (27) which is driven by 3 phase
induction motor, relief valve/pressure regulator (26), pressure gauge (35)
and 0oil temperature indicator. The electric motor is mounted on top of the
-unit and is connected to the pump via a shaft. The pump, relief valve and

the pressure regulator are totally submerged in the 0il reservoir. The
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hydraulic power unit have one supply line and two return lines. When there
is no demand, the relief valvé girculates the 0il in thé reservoir. The
pressure regulator (26) set the working pressure. The hydraulic power unit
can supplying oil up to a pressure of 105 bar. ‘An electric air cooling fan
(28) driven by an induction motor cool the oil in the hydraulic poWef unit.
With the aid of this air fan, the o0il temperature was kept constant within
:2°C. The‘oil from the hydraulic power unit is filtered before going to the

test valve (1).

The exploded view of the test valve is shown in Figure 4.4. The valve has
" two major coméonents;- (a) valve end-cover and (b) valve main body. The
valve end-cover comsists of an electro-magnetic coil, supply nozzle tube
and o0il supply fittings. The valve main body has a disc chamber, croés
drilling'for both drain. and load ports and axial hole to incorporate a rod
(10) and a linear bearing (11). The rod one end is screwed into the central
~hole of the disc while the other end is attached to a proof-ring type force
‘transducer [64]. The force transducer measures the forces acting dn the
disce The disc displacement is recorded by a dial gauge through a beam
attached to a spindle linking the force transducer and the operating screws
of the Hounsfield Tensometer. The beam is rigidly attached to the spindle
with two nuts. Figure 4.5 shows the internal view of the disc chamber. The
disc chamber houses the disc and it incorporates draiﬁ seats and radial
slots to collect flﬁid to annular groove in the val?e end cover. The
assembled test valve is mounted on.the Hounsfield tensometer as shown in
Figure 4.3. Care is taken to ensure that the disc, rod, force transéucer,
and the operating screws are aligned to avoid unnecessary frictional

forces.

Depending on the port connections, the test wvalve could be used to

reproduce both single and double-disc valve configurations. For a single-
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disc valve configuration, the disc chamber port acts as a drain port and
for a double-disc valve configuration, the disc chamber port acts as load
port and the other port in the test valve main body acts- as drain port. fn
this work, only the double-disc valve configuration is considered. Hence
the chamber port or load port is blocked and the drain port connected to

the turbine flow neter hydraulic pipe network.

The flow meters pipe work incorporates a relief valve (29) to act as a
safety valve against accidenfal closure of the'fwo directional valves
associated with the turbine type flow meters used. The output of the
flowmeter pipe network is return to the hydraulic power unit. The relief
valve ié also coﬁnected to a spare return line in the unit (see
Figure_4.2LfThe linear bearing in the valve reduces the frictional force
associated with the movement of the rod. As a result there was a small oil
leakage through the bearing and this is coilected through a flexible tubing'
to a point upstream of the turbine meters. The turbine meters thus measure

the total flow through the valve.

4.2.2 Experiment 4.2.1 : Fluid characteristics of test valve

The aim of this experiment was to determine the fluid forces and the
pressure-flow characteristics in a floating disc chamber. The main physical
dimensions of the test valve were as foliowé:

supply tube length i = 19.05 mm, Supply nozzle diameter = 2.54 mm

Supply nozzle land diameter = 3.05 mm, Supply nozzle projection ='0.13 mm
Disc diameter = 25.27 mm, Disc. thickness = 4,06 mm
Total disc travel | = 0.51 mm, Rod diameter = 2.38 mm

[}

Drain nozzle diameter 3.81 mm, Drain nozzle land diameter = 5.66 mm

Drain nozzle projection 0.38 mm, Drain tube length- = 19,05 nm

After setting-up the test-rig as shown in Figures 4.1, 4.2 and 4.3, the
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zerd disc displacement which was the positibn where the disc touched the

supply noizle land was established. The zero position was established as

follows:

(a) The operating handle (16) was adjusted clockwise or anti-clockwise
until there was free movement of the disc (6) as indicated by the dial
gauge (17).

(v) The force transducer amplifier (20) was zeroed.

(¢) The operating handle was turned anti-clockwise until there was no more

- changes on the dial gauge reading but increased compressive force as
read by the force'transducer..This step ensured that the disc was flat‘
on the supply'nozzle land.

(d) The dial gauge pointer was set to zero. N

(e) The opefating handle was turned clockwise until the force reading was

zero .and the dial gauge reading was still zero.

The zero position of the disc could also be determined from the readings of
the flow meter, the force transducer and the dial gauge. At zero position,
the flow through the valve should be zero and there should be no changes in
the dial gauge reading but a compressive force on the disc as a result of a
static'pressure.force acting approximately across the supply nozzle area.
The flow meter (31) is rated 1.5 to 15 GPM while (32) is rated 0.1 to 1.0
GPM. This shows that the turbine nmeters wére not well suited for low
flowrates and as such~the‘actual zero disc position could not be accurately
determined from the flowrate measurement alone. For small disc
displacements from either the supply or drain nozzle, the turbine floﬁmeter
(32) was used for its low flow rating. The other turbine éeter (31) was
used in the middle range of the disc travel as more flow passed thrbugh the

valve in this region.

After zeroing the instruments and establishing the zero disc position, the
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required supply pressure'ﬁés set with the aid of‘the pressure regulator
(26). The disc was given an incremental displacement step of 0.03 mm with
the operating‘handle (16) of the Hounsfield tensometer. At each disc
position, the fluid force acting on_the disc, the various pressures,
flowrate and the disc displacement were recorded. Throughout the test, care
Wwas taken to avoid reversal of disc displacement‘as the frictionallforces

associated with the test rig were not the same in both directions.

Figure 4.6 shows the comparison between computed and experimental fluid
" forces for a single disec moving.in a chamber with a supply nozzle land
diameter of 3.05 mm. This value of land diameter (abbut 1.2 times the
‘supply nozzle diameter) gave a good compromise for fluid forces, flow
pattern and pressure balance in the disc chamber. For a suppiy pressure
greater than or equal to 56 bar, it was found that the disc and the rod
assenbly were pushed towards the drain seat as the disc‘approached its mid-
stroke. A lock nut mechanism (see Figure 4.1) was incorporated in the test-~ -
rig to prevenf this from happening but this may have increased' the
frictional force of the rig and thus caused the measured fluid forces to be

 more than that predicted.

For a larger land diameter, cavitation was prominent and this caused
reduction in fluid forces, flowrate and pressure. In addition, negative
fluid forces may be experienéed when the distance between the disc and the
nozzle tip was increased. Fig.4.7 shows a comparison between a cavitating
and nonfcavitating fluid forces acting on a siﬁgle disc moving in a chamber
with supply pressure of 100 bar. The supply nozzle diameter used with.the
non-cavitating valve was 3.05 mm while that of the cavitating valve was
3.56 mm« The two fluid force curves followed the same trend until the disc
displacement was about 0.15 mm where cavitation was observed for the larger

land diameter. From this point onwgrd, it can be observed from the figure
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that'the cavitatiﬁg fluid forées are much lower than the nohécavitating
values. «Negative fluid forces occurred forithe cavitéting valve fof disc
displacement befﬁgéh 0.25 mm and 0.40 mm from the éupply nozzle tip. This
negativé fluid force is not desirable in a double-disc valve'operation.
Cavitation is a phenomena associated with a local pressure in a hydraulic
system falling bélow’the vapour pressure of the fluid used in the system.
When cavitation‘oécurred in the test valve, violent noise was generated as
the vapour cavitiéé'collapsed on entering regions of higher pressure. The
presence of cavitation can lead to erosion of the valve lands and it can be
avoided by decreasing the upstream pressure or by increasing the back
pressure. The cavitation might be caused by any of the following reasons:
(1) flow restriction in the noiéle land region (i.e. if nozzle land
diameter is too large), (2) presence of air in the system and (3) the local
pressuré in the valve chamber falling below the vapour pressure of the oil
used. The third reasons could be miniﬁised by either decreasing the supply
Apressure or incréasing the back pressure. For best valve performance it is
preferablé if the cavitation phenomena can be eliminated through the valve
.design instead of altering the systém pressure. Hence the flow restricfion
must be considered and the supply nozzle iand_diameter must not be greater

than approximately 1.2 times the supply nozzle diameter.

From the measured supply pressﬁre Pg, chamber pressure P, and drain
prgséﬁre Pp, the ngn;dimensional load pressure (P, - PD)/(Ps - Pp), 1is
computed.The diéé‘displacement is non-dimensionalised with respect to
total disc travelf,The resulting load pressure curves are shown inuFigdL8'
The figure shows the b1ockgd-1oad pressure sensitivity and there is a good
égreement.betweeq.the measured and the predicted pressures. Figure 4.9
- shows the fiowrafeicharacteristics of the disc valve as the distance
between the suppiy pozzlevtip and the disc is increased. The leakage flow

is a maximum at approximately the mid-position of the disc travel and
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‘decreases rapidly with disc displacement away from this position because
the discs modulated the valve orifices. These curves are a measure of the
hydraulic loss. From the figure, it can bevseen that the predicted and the.

measured flowrates agree reasonably well.

4.2.3 - Disc valve discharge coefficients

In the literature litfle information cOuid be obtained oﬁ discharge
coéfficients associated with a f10a2§9§ﬂdisc which is totally submerged in
a fluid and also communicating with bofh inwards and outwards flows. Some
of the published work deals with compressible air flow and, in many,
compressibility effects mask other effects. In other papers soﬁe imﬁortant
parameters are not specified or ome is not sure if the valve discharge is

into air or is submerged.

Oki [29]- was working mainly with a disc valve discharging water into air
kbutfhe also quotes a few results for submefged'flows. The ratio of the dise
diame;er to the supply'ndzzle used range between 1.2 to 1.55. Takenaka et
el [28] investigated the flow and force characteristics of disc valves. The v
valves used had an infinite land and discs were 1.5, 2.5 and 3.0 times the
valve nozzle diameter. He has observed that at small valve openings the
flow may be considered laminar and C4 increases to a maximum and then as
the gap is further increased it decreases, the rate of decrease reducing
as the valve opening increases. Feng [65] shows relationship between C4 and
Reynoids number, R,, for a valve with large lénd but not all parameters
were specified. It appears from his results thét the valve land has not
- much effect, which is doubtful because of all other resﬁlts and that
obtained from this present work. Hagiwara [53] carried out bothlthecretical
and experimental investigations into radial outwards and inwards flows with

sharp and rounded eniry corners.
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From the measured supply pressure Pj, chamber pressure P, and drain
pressure Pp and the flowrate Q through the vglve‘, the valve discharge
coefficients can be calculated from an orifice type of flow equation. The
supply nozzle side discharge coefficient Cpp o is gi’ve’n by

Q |
" Cppg = ' v , : (4.1)

D, X [2(Rg - P)
| ¢

Similarly the drain nozzle discharge coefficient Cpnp 1is given by

Q

C =
Da? Mo,y (Tp - X) [2(P, - Pp)
‘ : ¢

The corresponding Reynolds number based on the nozzles geometry are given

(4.2)

by the following equations:
for supply nozzle .
: 4 Q ‘
Bens = _7'.{"— . : (4.3)
VY Dpg .
and for drain nozzle
4 Q ‘
R, p = —— - (4.4)
enD :
MYDp

Figures 4.10 and 4.11 show the relationshipv between discharge coefficients
and Reynolds number with respect to the supply nozzle and the drain nozzle
respectively. From the Figures it can be seen that' the discharge
coefficiients first increase with increase' in Reynolds number and remain’
constant at a value close to 0.45 . The maximum Reynolds number encountered
are 1500 and 1000 for the supply and drain nozzles respectively. Fig.4.12

shows a typical relationship between discharge coefficient Cy4 and Reynolds
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number R, for a constant system pressure. The discharge coefficient first
increascs until the Reynolds number is maximum which corresponds also to
maximum flow through fhe valve. This occurs when the disc is in midf
position of its stroke. As the disc approaches the drain nozzle from the
mid-position the valve flowrate decreases and consequently both the
discharge coefficient and the Reynolds»number decreases. The rate at which
the discharge coefficients decrease with the Reynolds number in this region
appears to be almost constant. For a smali disec displacemeﬁt; C4q increases
with R, to a maximum value (cd;ve AB). As the disc displacement is further
increased, C; decreases to a constant value near the mid-stroke of the disc
with increase in Ry (curve BC). Further increase in disc displacement (i.ey

disc getting closer to drain nozzle) both Cy and R, decreases rapidly at an

apprcximate constant rate to zero (curve CA).

From~?iguré 4.12, it can be seen that C4-R, relationship is complex. To
utilise the raw data, empirical formulae were developed to express the
discharge coefficient as a function of both system pressure and disc
displacement. A good agreement was obtained between the empirical formulae

and the experimental data. It has been reported by J.F. Blackburn»[

 according to the work of V.A. Khokhlov, "hydraulic loss and flow discharge

coefficients through the orifices of a cylindrical spool-valve hydraulic
performance mechanism; Avtomat i Telemekh, Vol 16, No. 1 ,pp.64-70, 1955 ]
that discharge coefficients varies not oniy with Reynolds number but with
system pressure. Since flowfates varies with disc displacement, if would be
-expected that discharge coefficient would also vary with disc displacchent.
The discharge coefficient obtéined from experiment 4.2.1 was found>to vary

with nozzle geometry and supply pressure. A polynomial of the form
Cppg = 80 *+ 89 Z + 85 22 (4.5)
Dns - 80 T & as .
was fitted to the sdpply nozzle discharge coefficients for a given supply
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pressure, where Z = x / T, 'is the non-dimensional disc displacement with
respect to the total disc travel. The resulting values of ag, a4 and ap
are given in Table 4.1 for various supply pressures.

Table 4.1 Supply nozzle coefficients values

Ps 8 8 a2
(bar)
14.0 0.161 1,359 -1.592
~ 28.0 O 0.156 o212 -1.321
42.0 0.308 0.716  -0.931
56.0 0.372 0.539  -0.778
70.0 0.376  0.541 -0.788

Prom Table 4.1 it can be seen that the coefficients ag, a4 and ap vary
with supply pressure. Assuming these coefficients have linear relationships
with supply pressure, we can represent the supply nozzle diséharge

coefficients in the forn,
Cons = (Ago * A01Pg) * (A1g * A112g)2 + (Agg *+ ApPg)z° (4.6)
This equation applies for Z # 0.0, 1.0.

The unknown coefficients AOO...A21'were determined using a statistical
matrix regression analysis routine. The values of the unknéwn coefficients

are as follows

Agg = 0.08080 Ag; = 0.000323 r = 0.87
A10 = 1-56510 A11 = -1.1545E-03 r = 0-89
Azo = "107273 A21 = 100755E-03 r = 0089

Similarly, the drain nozzle discharge coefficient can be express in the

form
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CDnD = bo + b1 Z + b2 22 ’ (4-7)

The resulting experimental values of by, by and b, for the various supply
'pressures are shown in Table 4.2.

Table 4.2 Drain nozzle coefficient values

Pg - Yo by by
(bar)

| 14.0 -0.031 1.916 -1.824
28.0 0.067 1‘462. -1.161
42.0 - 0.131 v 1.185 -0.947
56.0 0.241 0.881 -0.871
70.0 ; 0.243 - 0.888 ' -0.883

Again the coefficients b's are found to vary with supply pressure and the

drain discharge coefficients can be expressed in a polynomial of the form
2
Cpup = (Boo * Bo1Ps) + (Byg * ByqPg)Z + (Byg + BpyPg)2® (4.8)
‘This equation applies for 2 # 0.0, 1.0.

The unknown coefficients Bpg <+ By Wwere determined using a statistical
--matrix regression analysis routine. The values of the unknown coefficients

are shown below.

Boo = -0:08640 By = 0.00036 r = 0.95
Big = 2.05750 Byq = =0.00132 r = 0.92
Bog = -1.78880 Byy = 0.00109 r = 0.73

The values of Apg - A21'and Bgg - Bpq as obtained in these forms were used
in the steady-state theoretical model of the valve in Chapter 3. It should
be worth noting that the discharge coefficients as obtained from experiment

4.2.1 wused in this polynomial fittings did not include that obtained from
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supply pressures greater than 70 bar because cavitation was encountered in

the valve.

The discharge coefficients of the supply and drain nozzles arée-shown in
Figures 4.13 and 4.14 respectively as a function of non-dimensional disec
displacement. From Figures 4.10 and 4.11, the transition ﬁeynoldﬁ- number Ry

is about 200. Orifice flow is laminar for Reynolds number R, < Ry with
flowrates directly relafed to pressure drop. In the vicinity df'ﬁt; both
inertia and viécosity are important. For R, > Ry, the flow can be treated
as turbulent and described by the orifice equatioh (4.1) or ('4.2)..The
orifi.ce equétion is used for all situations with a tofal disregar& for the
types of fiow that can be encountered. Hence, the discrepancy between the
measured dis;'harge coefficient and that obtained from‘ the derived empirical
formnlae as noted in Figs 4.13 and 4.14 near transition Reynolds number

 where disc displacement from both supply and drain nozzles is small.

The discharge coefficienf results can oﬁly be compared qualitatively
bééause the geometry of the free-floating disc valve is different from the.
existing flapper and disc valves in the ‘literature. For example, the disc
diameter to fhe supply nozzle ratio varies from one vﬁlve to another. That
used by Takenaka et el [28] range from 2.5 to 3.5. In general, the flapper
valve ratios are less than 5.0 compared to the disc valve invgstigated
vhich has a minimum ratio of 10.0 . Clearly, the "la‘rger-the Vdj.ameter ratio,

the smaller the discharge coefficient.

4.‘2.4 Experiment 4.2.2 : Bepeatability of fluid force measurements.

The test procedure was the same as in experiment 4.2.1 except that the
supply' pressure was kept constant at 105 bar. The fluid force meaéuxfements
were taken at two different periods and the results are shown in Figure

4.15. The two fluid force curves show that the fluid force measure‘ments are
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consistent with disec displacemént. This reflect the repeatability of the

fluid force measurements from the test-rig.

4.2.5 Bxperiment 4.2.35 : Effect of back pressure on fluid force

characteristics.

- The supply pressure'waé kept constant at 105 bar and thé system back
pressure was adjuéted’with the aid of a needle valve (34) {see Pig.4.1}
situated downstream of the drain port (8). The disc zero position was
determined as in previous éxperiments and the needle valve was fully-
openede The disc was given an incremental displacement in step of 0.053 mm
from the supply nozzle land. The disc position was recorded by a dial gauge
(17) and the corresponding fluid forces, pressures, and flowrates were
registered by the appropriate instruments. The experimental procedure was

repeated with the'needle_valve 87 and 67 per cent opened.

- The results of varying the back pressure of the test valve on the fluid
force curves are shown in Figure 4.16.  From the Figure it can be seen that
increasing the back pressure raises the fluid force in the region where the
curve exhibits a minimum. The negative fluid force readings that odcur
within the region of cavitation in the valve disappear with increasing back
pressure. This result suggests that a careful selection of the drain
geometry will alter the fluid force characteristics of the valve. This will
be discussed in Chapter S.Where the effect of the various parameters such
as‘rod diameter, drain nozzle diameter, nozzle land diameter, etc are
investigated based on the steady-state theoretical representation of the

disc valve in Chapter 3.

4.3 Electro-magnetic force characteristics

In this section, the electro-magnetic characteristics of the electro-
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magnetic coil used in the test valve were determined experimentally. Two
differént types of discs were used. They were: (1) a disc of 3.61. mm
thickness with stops and (2) two flat discs of 2.54 mm and 4.06 mm
thickness without stops. The stops were to prevent the disc from adhering
to fhe co0il surface otherwise the magnetic attraction force and the
remanence would be too large. The discs are shown in Figure 4.17. The main

dimensions of the electro-magnetic coil were as follows:

Effective coil outside diameter = 25.40 mm
Effective coil length B = 15.88 mm
"Total number of coil turms | = 420 turns
Wire diameter = 0.22 mm
Coil Resistance =" 11.2 ohm
4.3.1  Experiment 4.%.1 K Eleétro-magnetic force characteristics of a

coil uslng disc with stops.

The apparatus used is shown in Figure 4.3 except that the hydraulic pipe
network associated with the flow-force test rig wefe rexﬁoved. The electro-
magnetic force were determined with the disc in still air. The current
level of the coil was provided by a special foﬁr-level switching amplifier
(see Section 2.3.1 of Chapter 2 or appendix A2). VThe disc used had a
diameter of 25.35 mm and therefore had a diametric clearance of 0.05 mm
between the ,diéc and ?he chamber diameter. The disc had st'ops of 3.61 mm
thickness. The magnetic force acting on the disc was measured by the force
transducer and the associated force transducer amplifier déscribgd 1n
experiment 4.2.1. The electro-magnetic coil (5) used in the test valve 1)

is shown in Figure 4.1. The wire leads were brought out to a BNC socke’c

(2).

After setting up the apparatus, the zero position of the disc was

established in the same manner as for the fluid characteristics
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expériments. The required current level was selected after zeroing the
force transducér and the dial gauge pointer. The disc was given an
incremental displacement in steps of 0.03 mm with the aid of an.operating
handle (15). At each step, the disc displacement and the force acting on
the disc were recorded. On reaching the maximun disc travel, the current
was switched off and the disc was:returned to its zero position before
changing the current level of the coil. The frictional forces associated
with the test rig for a positive disc displacement (i.e. disc moving away
from the supply nozzle land) was greater than that of negative disc diéc
displacement and as such the tests were conducted without any reversal in
disc displacement. The experiment was conducted for the coil current set at
500, 1000 and 1500 mA respectively and the results are shown in Fig.4.18.
From this figure,'it can be seen that the electro-magnétié_force decreases
almost inversely with an increase in disc displacement. The electro- -
magnetic force-stroke curves exhibit some local hump as the disc moves
passed the mid-position of its stroke. This local hump is consistent as the
coilvcurrent is increase from 500 to 1500 mA. The local hump which is more
pronounced with large coil curfent, could be attributed to any of the
following reasons: (a) the stops on the disc, (b) a possible jamming of the
disc that might result from small cleafance betweeﬁ the~disc and its
chamber and (c) the rod linking the disc.to‘the force transducer might be
bent and thus caused a frictional force $étween the rod and the linear

bearing fitted into the valve Dbody.

4.3.2 . Experiment 4.3.2 : Examination of the local hump associated with

the disc with stops.

To verify the causes of the local hump associated with the electro-magnetic -
force-stroke characteristics of a coil using a disc with stops, the

diametric clearance between the disc and its chamber was increased to 0.13
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mme In addition, the rod was replaced with a newly fabricated one to
eliminate any unevenness in the rod. Experiment 4.3.1 was repeated and the

results were the same.

4.3.3 Experiment 4.3.3 : Electro‘-magnetic characteristics of coil using

flat discs without stops.

In this section, fwo flat discs without sfops were used to examine their
magnetic characteristics. The discs were of thickness 2.54 and 4.06 mm‘
respectively and the test proceduré waé the same as in experiment 4.3.2
except that flat discs without stops were used. The electro~magnetic forces
' were determined‘for coil currents from 500 to 1500 mA in steps of 250 mA
and Figure 4.19 shows the results of the 2.54 mm disc thickness. The
resulvts of the 4.06 mm disc thickness are shown in Figure 4.20. From the
two Figures it can be ééen t_hat the- électro‘-magngtic force~stroke
characteristics follow an inverse-square law for the flat discs without
stops. The chained lines in the figures are the computed electro-magnetic
characteristics of the coil based on the highly non-linear equations (3.60)
through (3.82) of Chapter 3. The theory uses design data conéerning the
coil turms, cross-sectional areas of the core, magnetic lengths, coil
permeances, flux densities aqd flux intensities of the various part of the
magnetic‘circuit- The magnetic properties are’obtained' from the
magnetisation curve for REMKO maghetic iron. For a given current the
magnetic force associated with the thicker disc is greater than the thinner
disc. 'As the disc displacement increases from the supply nozzle land, the
magnetic force follows the inverse-square law to a point close to the mid-
position of the disc total travel. For the next approximately 0.15 mm disc
disﬁiacement, the magnetic force is constant. After which it'drops shgrply
to follow the inverse-square law again. The position wlhere the magnetic

force becomes constant is. seen to increase with current. Compared with the
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disc with'stops, -the initial magnetic force or the sealing-in force of the
flat discs are lower than the discs with stops. This is because the stops
provide an additional flux path and thereby generate additional magnetic
force to cause the observed local hump. A flat disc has no local hump.
Owing-;‘:o the cl:ompléx nature of the eguations governing thé magnetic
characteristics of the coil, simpler ~empirica1 formulae are sorted ‘from
the test data to assist the designer without resulting into tedious

computations.

4.3.4 Empirical formulae

To make it possible fo: the designer to obtain for a specific electro-
magnetic flat face coil the force - stroke characteristics for a given
coil size, empirical formulae are developéd from the series of test -
measurements carried out. From. the experimental iresults, it was observed
that the magnetic force ~-stroke characteristics for thé flat discs without
stops obeyed an exponential law. Expressing this relationship in a

mathematical form we have

= bX : v , '
F,=ae _ | >  (4.9)
-where F is the electro-magnetic force, X is the disc displacement from the
supply nozzle land and a,b are coefficients that depend on current and disc

thickness

To obtain coefficients 'a' and 'b',. regressibn analysis are used. The
resulfing values of 'a' and 'b' and the de"terminating céefficient' r for the
2.54 and 4.06 mm disc thickness are shown in Tables F4V.3 and 4.4 respeétive—
1y. The coefficient 'a' was also related to the current input to the coil
in the form given by equation (4.10)

a=x1° | (4.10)

Using regression analysis, the values of X and C for the different discs
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used afe shown in Table 4.5

Table 4.3: Coefficients a and b for 2.54 mm disc thickness

Current Sa S r
(ma)
500 81.060 -4.527 0.998
750 117.790  =-3.994 0.992
1000 166.690  -3.478  0.999
1250 182.7701 -2.978  0.999
1500 211.98 ~-2.631 0.995

Table 4.4: Coefficients a and b .for 4.06 mm disc thickness

Current a b r
(mA)
500 133.290° -7.6145  0.951
750 168.740 -5.2080 0.983
1000 202.740 -4.5633 0.982
1250 225.300 ~3.6765 0.993
1500 237.840 -2.8528 1.000

Table 4.5: Coefficients K and C

Disc thickness - K - C r
T (mm)
2.54 0.3397 0.88470  0.984
4.06  4.6538  0.54213  0.990

The exponent b in équation (4.9) has a linear relationship with the coil

input current and can be written as
b=D+EI (4.11)

The values of D and E are shown in Table 4.6.

A. Usman AUGUST 1984



Experimental magnetic and fluid mechanics 96

Table 4.6: Coefficients D and B

Disc thickness D E r
T (mm)
2.54 -5.4448 1.9232E-03 0.994
4.06 - =9.2050 4.42196Ef03 0.930

From Tables 4.5 and 4.6, it cén be seen that the coefficients K, C, D and E
are functions of disc thickness used as an armature in a flat-facéd
electro-magnetic coil. The relationships between the disc thickness T and
each of fhe coéfficients K, C, D and E are expressed in equations (4.12)

through (4.15) respectively using regression analysis.

K = 1.891 x 105 75-5688 o (4.12)
C = 2.3369 / p1.082 | | (4.13)
D = 0.8222 - 2.46752 T (4.14)
E = 3.6887 x 1074 11-77146 . (4.15)

- From equations (4~9), (4410) and (4.11) the electro-magnetic force - stroke
characteristics of the flat face coil used in the disc valie can be
expressed in the form : _ _

p, =k 10 (P + BI)X - ST | (4.16)
This empirical formuiﬁ gives good agreement between the various series of
tests for electro-magnetic coils of the flat-face magnet type (see Figs.
4.21 and 4.22) except for flat section of curves. With the aid of the
Reynolds law of similarity, this relationship can be extended to cover
other electro-magnetic coil sizes. It must be noted that these empirical
formulae are not used in the theoretical model of the valve. They only
serve as a quick method of calculating the electro-magnetic force-stroke

characteristics of a flat face coil, given the coil current, disc thickness
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and disc displacement.

With the aid of the empirical‘formuiae, the effect of disc thickness on
magﬁetic force-stroke curves for a given coil current and coil size were
computed. Figure 4.23 shows fbr coil currenf of 500 mA the effect of —
varying the disc fhickness from 2.5 to 5.0 mm on the force-stroke curves.l
From the Figure it can be seen that the force-stroke curves do not have
significant change for disc thickness less than about 3.5 mm. For disc
thickness greater than 3.5 mm, it can be seen that the initial force or the
sealing-in force increases with disc thickness.However,-this advantage
must be offset against the low inertia of the thinner discs which improves
the dynamic performance of the valve. For the disc thickness less than 3.5
mﬁ it can be seen from the figure that the . force levels fall off slowly as
the distance between the coil surface and the disc face is increased. On
the other hand, the force levels of disc thickness greater than 3.5 mm fall
off quickly with disc displacement. This could be explained from the flux
across the working gap of the thinner discs which is saturated while that
of the thicker discs have negligible flux losses when they are operating

close to the coil surface.

This chapter has validated both the theoretical fluid ahd electro-magnetic
models of the disc valve preéehted in Chapter 3. The néxt chapter will be
dealing with some design considerations for the double-disc valve based on

the theoretical and experimental results of Chapters 3 and 4.
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(1) Test valve ‘ (19) Digital voltimeters

(2) Cotl socket (20) Force transducer amplifier

(3) Supply port i (21) Piezo-electric pressure transducer
’ (4) Supply nozzle (22) Amplifier for item lo. 21

(S) Electro-magnetic coil (23) Supply pressure transducer

(6) Disc (24) Amplifier for item lo. 23

(7) Lload port (25) Filter

(8) Drain port (26) Pressure regulutor/relief valve
(9): Drain seat . (27) Pump

_(10) Push rod . ‘(28) Eectric air fan

(11) Linear bearing {29) Relief valve

(12) Force transducer (30) Flowmeter. amplifier

(13) Lock nut (31) Turbine meter type Blg"/ls (o2
(14) Quick return vheel (32) Turbine meter type B/}x"/i GPM
(15) Operating screws (33) Directional valves

(16) Operuting handle (34) leedle valve

(17) Dial gnuge (35) Pressure gauges

(18) Beam (36) Flextible tubing

Fig. 4.1 Schematic lay-out of fluid force test-rig.
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Fig. 4.6 Fluid force curves for 3.05 mm land diameter

Fig.4.7
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5. Design considerations for the double-disc valve

5.1 Introduction

In Chapter 4, the fluid mechanics of the disc valve was established from a
special‘flow-force rig constructed to determine the complex fluid forces
acting on a single disc. The rig had‘the facility for allowing radial flow
across the disc faces in both directions to simulate flow into and out of
the load port into the dr#in connection. The fluid forces obtained from the

experiment agreed well with that of theoretical prediction in Chapter 3.

Two different supply nozzle land diameters were used. They were in .ratios
of 1.2 and 1.4 to the supply nozzle diameter respectively. Cavitation was
prominent with the larger land diameter and occurred for disc disflacements
from the supply nozzle tip of less than about 30 per cent of the total disc
travel. The presence of the cavitation caused a reduction in fluid force,
- flowrate. and load pressure. The cavitation was due to the flow restriction
in the nozzle land region as decreasing the supply nozzle land diameter to
nozzle diameter rat;o tova value less than 1.2, reduced the occurrence of
cavitation. Increasing the back pressure or decreasing the system pressure
tended to reduce the onset of cavitation. However, altering the system.
pressure is not the best compromise and in good valve design the flow
séturation or restriction should be considered ih selecting the valve

variable geometries and this is the subject of this chapter.

With the smaller supply nozzle land diameter, negative flow-forces,were
measured for disc displacements in the region of 25 t§ 45 per cent of total
disc travel for a supply pressure of 105 bar. This could be owing to the
large pressure drop across the drain side of the disc. The flow restriction
may be eliminated by increasing the drain holding gap as noted in the

geometrical equations derived in this chapter.
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Tests, using the same rig as for the flow-force experiments, werevmade
to measure fhe electro-magnetic force induced in the disc for various
‘current levels in the coil and also for the force variation with distance
of the disc from the coil face. This is particularly important for
determining the correct holding gap between the coil face and the nozzle
abutment for the disc. Theoretical predictions agree well with electro-
magnetic force data for a single dise thus allowing the tﬁebretical model
to be used with some confidence for determining suitable values for the

main geometric variables of the double-disc valve.

In this chapter some geometrical design considerations for the double-disc
valve will be present together with their effect on the double-disc valve
characteristics. The theoretical model of Chapter 3 conveniently allows any

of the main geometric parameters to be varied independently.

5.2 . Some geometrical design considerations

5.2.1 Geometrical relationship between a disc and its chamber

In selecting the clearance between a disc diameter and its chamber
diameter, the following points were considered: (i) Thermal expansion of
the disc material and (ii) Possible jamming br tilting of the disc inside
its chamber.

(a) Thermal expansion

For a given temperature rise, d8, the expansion,‘dD, on the disc diameter
is given by:

dD = ,.D.de - (5.1)
where Gc is the coefficient of linear expansion of the disc material, D is

the disc diameter and d9 is the rise in temperature.

To avoid any jamming of the disc in its chamber, dD must be less than the
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diamefric clearance between the disc and its chamber. For REMKO magnetic
iron used for the dise, 6, = 17x1 0'6/°K and assuming ab Atemperatﬁre rise of
I35°K and disc diameter of 31.75 mm approx., the maximum expansion on the
disc diameter would be 0.02 mm and is therefore acceptible in comparison

with the diametric clearance of approximately O.! mm.

(b) Disc tilting in its chamber

Figure 5.1 shows a disc PQRS jammed in its chamber KLMN. The aim of this

section is to establish a necessary condition to avoid this effect.

From triangle PQR or PRS, i‘t can be seen that if PR > CD, there will be no

disc jamming in its chamber. In mathematical form we have

p2 + t,2 > cD? | . (5.2)
where t, is the disc thickness, D is the disc diameter and CD is the

chamber diameter.

For a flat and uniform disc, the distance SP must be equal fo RQ and PQ
parallel %tc RS. From triangle RPQ, '

tand, = RQ/PQ = to/D - (5.3)
where 6; = angle of tilt. . |
Also from triangle PLQ, |

sind, = PL/PQ . | . (5.4)
From ftriangle PKS we have,

cos®, = KP/SP | , (5.5)
The chamber width is given by

KL = PQsin@; + SPcos@; = Dsimd, + t,cos6, (5.6)

From equation (5.3), Dsin®; = t,cos6; which can be substituted in equation

(5.6) to give
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KL = 2t cos6y _ (5.7)

For normal valve operation, the disc chambér is given Sy
- Tp + tga | (5.8)

where Tp is the total disc travel. |
. Equgtihg equations (5.7) and (5.8) to get

Tp = ‘t;a(2cosgt - 1) | . (5.9)
The disc chamber diameteir is given by

CD =D + dD ' . (5.10)

where dD is the diametric clearance between di‘sc and its chamber.
From equations (5.2) and (5.3) we have
tan0, = t,/(cD? - t,2)!/2 | (5.11)

BEquation (5.11) gives the relationship between the disc thickness and

maximum angle of tilt, for a given disc chamber diameter..

Using equation (5.10) in (5.2) gives

a =cp - (cD? - ,2)1/2 o A : (5.12)
Equation (5.12) gives the maximuﬁx theoretical diametric clearance between
’the disc and its chamber for which tilting is likely to occur. From a
practical point of view, the author recommends that a clearance of less

than 40 per cent of that given in equation (5.12)>shou1d be used.

From equation (5.9), if there is no disc tilting, (that is 0, = 0), we have

" TDmax = ta S . (5.13)
In the valve design, Tp is less than ta‘/10 owing to the limitavti'on of
magnetic force available over a long stroke. From the electro-magnetic
properties of the disc, it is found that th‘e.magnetic force increases with
disc thickness for a given displacement. Erbm 'this discussion, it followsli
that the disc thickness controls both the mégnetic force required and the |

tilting action of the disc. The thinner the ‘disc, the smaller the diametric

A. Usman o - AUGUST 1984



Design considerations for the double-disc valve ' 117

clearance becomes. This will consequently increase the contamination
'sensitivity of the valve. The thicker the disc, the greater the disc
inertia and the sPeed- of respons.e ‘decreases. In selecting the disc
thickness, therefore, there should be a compromise between the magnetic
properties, the dynamic performance and the jamming possibilities of the
disc in its chamber. For this valve design, the diametric clearance, dD; is -
about 0.3.per cent of chamber diameter of 31.75 mm and the disc thielrness

is about»7.5 times the total disc travel of O0.51 mm.

5262 Effect of disc chamber geometry on valve leakage flow

Leakage flow for proportional action of the valve is defined as the flow
through the valve, owing to underlap only, with the valve in its neutral or
null position and under no load conditions. This“flow-is of the orifice
resistance type, i.e., it is proportional to the port area and the square
root of the pressure drop and is largely independent of temperature. Total
~‘1eakage flow :does, of course, include viscous losses which are a function
of the design of the valve, diametral clearances and temperature; Figure
- -5.2 shows: the disc valve chamber in which 'thevdisc is in its null position.
The aim of this section is to derive expressions for the geometry of the

disc chamber with a view to limiting the valve null leakage flow.

In the neutral positioo, the leakage flow is governed by the supp'ly‘nozzle
curtain area,', the drain nozzle curtain area and the annuiar space ‘formed by
the push rod and the drain nozzle diameters. The supply nozzle area must be -
: greate‘r than or equal to the maximum supply curtain area for the supply

nozzle to act as an orifice. That is
Dpg 2 4 Tp | (5.14)

To limit the null leakage flow it is desirable that the supply curtain area
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is greater than that of the drain. In mathematical form we have
Dyg Xy > Dpp Xgo | - (5.15)

To further limit the leakage flow, the push rod diameter can be used to

restrict the flow through the drain port. That is

[4 Dpp xfz:’ > [ D2;- Dﬁ} o (5.16)

For effective valve design equations (5.14) through (5.16) should be
satisfied. From Fig.5.2 it can Se seen that the total disc travel Ty isb
given by »

Tp = Xg1 * X2 | - (aD
where Xf1 and Xgp are the respective supply and drain neutral gap between
the disc surfaces. |
' Thé rod clearance Cp is given by

Cr = X¢y - Xpp ' ‘ o (5.18)
The values of Dy and sz are governed by the maximum allowable leakage flow

through the valve. The total null leakage flow is given by

Qe = 2 CpnpTiDpp Xpo (5.19)

The total centre flow through the valve is useful because it gives the
power loss at the null operating point. The valve tbtal disc travel Tp
should be as small as-poséible to achieve largest pressure semsitivity and
smallest null leakage. However, it must be large enough to permit passage
of dirt particle sizes expected in the fluid. It may be of interest to
tabulate'somé compatible values of the quantities involved in equations
(5.14) through (5.19). Selecting five Ty values, the results are given in
Table 5.1. The null leakage flow is computed from (5.19) with PS=7O bar,
Cp=0.5 and tabulated to show the large increase in this flow with

increasing total disc travel. It should be emphasized that Table 5.1
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contains recommended design values based on the use of equations (5.14)

through (5.18) with an equality sign assumed.

Table 5.1 Typical design values of Ty, Doy Dpps Dgs Cgy X4y, sz and Q.

Gl el a b B T @ | et
0.25 | 1.02 | o0.15 |o0.10 [o0.05 | 1.52 | 1.27 2.70
0.38 | 1.52 | 0.20 | 0.18 | 0.02 |1.75 | 1.35 5.43
0.51 | 2,05 | 0.30 | 0.20 |o0.10 | 2.05 | 1.59 7.20
0.64 | 2.54 | 0.40 | 0.24 | o0.16 | 2.54 | 2.00 | 10.70
0.76 | 3.00 | 0.46 | 0.30 | 0.16 | 3.00 | 2.38 16.20

5e2¢3 Effect of disc chamber geometry on valve flow saturation

It is possible to obtain a design relation between Tp and HGp from a
c.onsideratio'n of flow saturation. The disc chamber passage volumes (see
Fig. 5.3) should be at least four times the maximum orifice volumes to
prevent flow saturation and to ehsure that the orifices are the controlling
restrictions [55]- This implies that the drain side of disc chamber volume

must be greater than that of the supply nozzle tube,

and the supply side of disc chamber volume must be greater than that of the

supply nozzle tube

[ ( D2 -p2 ;)( HGg + Tp )] > [4 02.( Lgps + Tp ) ] | (5.21)

From equations (5.20) and (5.21) it implies that

1 - (0. /D)2
HGp > e ((HGg + Tp ) (5.22)

1 = (Dypp / D)2
IfDygr, /D << 1 and Dy /D << 1 then equation (5.22) can be rewritten as

Hep > ( HGg + Tp ) (5.23)
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Equation (5.23) suggests fhat the total disc travel Tp should be less than
the drain holding gap HGp to avoid flow saturation in the Qalve. Experiénce
‘has shown that cavitétion are likely to occur in the valve if there is flow
restriction within the valve. Dividing equation‘(aeo) by D2 and assuming

that Dyp/D << 1 and Ty << Lggy We have

[ HGp / Lsnt] > [4 (Dyg /D )2:’ B | (5.24)

Equation (5.24) shows the geometrical relationship between the drain .

holding gap HGp and the supply tube length Lg,.

5.3 Effect of parameter changes on valve theoretical steady-state model

‘In Section 3.1 of Chapter 3, a theoretical steady-state fluid

characteristics model of the disc valve was develo?ed. In Section 4.2 of
Chapter 4, the éomplex fluid forces acting on a}single disc were determined
under blocked-load conditions and the force data agreed well with
theoretical predictions. This allows the theoretical model to be used with
"some confidence for determining suitable values for the maiﬁ‘geometric
va:iables of the double-disc valve. In this section, the effect of changing
different parameters in the model will be‘presented with one parameter

varied at a time. Table 3.1 shows the assumed values for the parameters.

Using,these values for the valve parameters, the theoretical model éhows
that the level of rise in the fluid forces when the disc approaches theb
drain nozzle, noted in Chapters 5 and 4, can bé controlled by the correct
choice of drain nozzle geometry and drain holding gap. The theoretical
steady-state fluid model for the valve shows that the ratio of the drain
‘nozzle area to that of the supply nozzle influences the fluid forces acting
\ :
on a single-disc in its chamber. The net fluid fofces aéting on a double-

disc valve configuration under blocked load conditions are shown in Fig.5.4
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for various drain-to-supply nozzle area ratios. From the figure it can be
seen thgt when the area ratio is increased from 1.08 to 1.85, the gradient
at nuil.ﬁosition falls off quickly and a point of inflection is observed
fdr‘aféa ratio of 1.85. For best stable characteristics of the valve near
‘null poéition, figure 5.4 suggests équal areas for the drain and supply>
nozzles. Where the net fluid force curve crosses the displacement axis it
' cbrresfonds to the position of zero net fluid force and the discs and the
:, rod aséeﬁbly isvstationary at that point if the curve gradient is negative.
The theoretical model haS-shown that increasing the drain holding gap
1oiers the fluid force rise that occurs after the disc.diSplacement passes
its mid;position. The effect of drain holding gap will be fully diécussed
later. Usihg equa; areaé for the drain and supply nozzles, the new assumed
values for the parameters used in théf@édel are shown in Table 5.2.

Table 5.2 Physical constants of the valve main parameters

DSD = 31.65 mm PS = 70 bar
™ = 0.5t mm , CR = 0.00 mm
HGS = 0.13 mm RODD = 2.38 mm
HGD = 0.51 mm "~ DND = 3.8 mm
SND = 3.18 mm DNTL = 3.81 mm
SNLD = 3.81 mm © VSCO = at 35 °C
DNLD = 3.81 mm VSCF - 1.00
SNTL = 15.88 mm CRNT = 0.00 A

The val%e'disc diameter DSD is varied in the theoretical model between 12.7
‘and 38A.lmm (which éorresponds to disc-to-supply nozzle diameter ratio of
4.0 to f2JD. Figure 5.5 shows the effect of disc-to-supply nozzle diameter
rﬁtio §n ﬁet fluid forces acting on a double-disc valve. From the figure it

can be seén that when the diameter ratio is increased from 4.0 to 12.0, the
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gradient at null positioh increases quickly. The figure suggests that for
;p¥oportional valve operation, a high diaméter ratio (possibly greater than
10) should be used and a small diameter ratio for a switching action as the
net fluid force decreases with decrease in diameter ratio. This is because
small net fluid force will demand a small electrical péﬁer. Increasing the
disc diameter DSD has no effegt on the load pressure but the null leakage 
flowfate decreases slightly with increase in disc-to-supply nozzle diameter

ratio.

To sée how the.total disc travel 7D influences the valve fluid
characteristics, five different values of TD‘ranging from 0.25 to 0.76 mm
(+ 50 per cent of the valﬁe shown in Table 5.2) are used in the valve
model. Figure 5.6 shows the net fluid‘forces acting on a double-disc vaive A
for various total disc travel. From the figure, it can be seen that the
“null fluid force gradient decreases with increase in total disc travel and
a point of inflexion near the null position ié'possible'for totél disc
travels greater than 0:76 mm. From Fig.5.6; it can ﬁe observed that the
-maximum fluid force that occurs as the dises and rod assembly moves away
from left to‘ right remain's constant for TD greater than 0.38 mm. For this
valve configuration, the best cOmpromise between the null gradient and
force level is achieved for total disc traQéI equal to 0.51 mm. Total disc
travel TD has no significant effect on load pressure but the null leakage

flowrate increases with TD.

Fig.5.7 shows the effect of varying supply nozzle holding gap HGS, from
<103‘to 0.25 mm §n net fluid forces acting on a double-disc valve. From the
figure it can be seen that the net fluid force first increases with
positive gradient to a maximum and then decreases with negafive gradient.
Increasing the supply holding gap is seen to reduce the level of the firsﬁ

maximum fluid force. This can be attributed to flow restriction on the
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supply side of disc for small HGS. This implies that HGS and rod clearance
must be carefully chosen to match the maximum fluid force for sw itching

action of valve. The null fluid force gradient decreases with increase in

HGS. Hence for proportional valve operation select a small value of HGS

(say HGS < 0.13 mm ) and for a switching action select a large value of HGS

(say HGS > 0.13 mm). For both switching and proportional operations of

- valve, the best compromising HGS is 0.13 mm. Supply holding gap HGS, has no

significant effect on load pressure but the flowrate increases slightly
with increase in HGS. The most important effect here seems to be that with
a suitable choice of HGS the.fluid forces are almost reduced fo zZero
althoﬁgh this has ;o be bai&nced againStvthe rapid~reductions in electro-

magnetic force available with increasing HGS.

Fig. 5.8 shows the effect of varying the drain holding gap HGD, between
0.13 and 1.02 mm, on the net fluid force acting on a double-discvvélve. The
~null gradient is seen to increase with increase in HGD but _the 'raté of
increase, decreases for HGD>0.25 mm and théré is no significant effect for
HGD}”O.51 nme This confirms the geometrical relationships derived in section
5¢5.4 in which HGD is required to be greater than the sum of the total disc

travel TD (0.51 mm used in the model) and the supply nozzle holding gap HGS

(0.13 mm used in the model). There is a large decrease in net fluid force:'

‘level with decrease in HGD below 0.51 mm which could be attributed to flow
‘restriction on the drain side of the disc chamber; A point of inflexion
near valve null position occurs for HGD = 0.13 ’mm which suggests that for
. proportional valve operation, HGD must be at least equal to 0.51 mm and HGD
less than 0.25 mm for switching operation. Drain holding gap HGD, has no
signifiéant effect on both load préssure and flowrate but null leakage flow

increases slightly with increase in HGD.

J
/

The supply nozzle diameter SND, is varied between 1.90 and 4.44 mm ( which
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»corfesponds to a disc-to-supply nozzle diameter rétio of 16.7 to 7.2 and
also to a drain-to-supply area ratio of 2.8 to 0.51 ) and the resulting net
fluid force acting on a double-disc valve is shown in Figure 5.9. The
figure shows that the null fluid force gradient decreases with decrease in
SND ( with decrease in both disc-to-supply nozzle diameter ratio and drain-
to-supply area ratio) and at null conditions, the net fluid force is
negative for SND<3.18 mm. For a switching valve operation this will simply
introduce a time delay as the disc will not 1lift off ité supply seat. This
can be ovércome by using a shorter rod. A point of inflexion_is observed
for SND=1.90 mm (area ratio of 2.8). The theoretical sfeady-state model has
shown that a negative fluid force occurs for a drain-té-supply area ratio
less than 0.7 and disc~to-supply diameter ratio less than 8.0. This implies
that the disc will nof closeboff'its dréin nozzle seat and this wili not be
a good configuration forva switching valve. For a switching valve,
theréfore, the area ratio should not be less than 1. For propoftional
Qperation,‘FigdiQ suggesfs an area ratio not greater tﬁan 1 is required tb
obtain the best null vaive stability. The best compromising area ratio for

both switching and proportional valve operations is seen to be one.

‘Fig. 510 shows the effect of SND on non-dimensional leakage flow undef
blocked-load conditions. From the figure it can be seen that the percentage
of leakage flow increases with decrease in SND. The supply nozzle diameter
has a slight effect on valve load pressure ﬁith the best null pressure

gradient occurring for a drain-to-supply nozzle area ratio of one.

Varying both the supply nozzle diameter SNLD and drain nozzle land diameter
DNLD o&er the range *+ 13 per cent of their nominal values has no
significant effect on fluid force, pressure and flowrate. From practical
experience, an increase in SNLD or DNLD will increase the chance of o0il

cavitation in the valve which will consequently cause a reduction in
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flowrate, pressure and fluid forces. This is because of flow restriction in
the valve land regions. From the experimental results of Chapter 4, both
the drain and nozzle land diameters should not be greater than 1.2 times

the respective nozzle diameters.

Varying both the supply nozzle tube length SNTL and the drain nozzle tube -
length DNTL over the range +33 per cent of their nominal values has no

significant effect on fluid forces, flowrate and load pressure.

Figure 5.11 shows the effect of varying the supply pressure PS between 17.5
and 140.0 bar om the fluid forces acting on a double-~disc disc. The figure-
shows that the valve is stable around the null region over the supply
pressure range ’used in the model. It also shows that for a‘ given valve
-there is a maximum pressure above which the valve destabilises. For drain-
to-supply nozzle area ratio of one, the maximum pressure is 140 bar as the
valve flowrate saturates for pressures greater than this value. However,
for an area ratio greater than unity, this maximum pressure is reduced. For
example, when ‘che'area fatio is 2.25, the maximum pressure is 70 bar.
Increasing PS is seen in Fig. 5.12 to cause a large increase in flowrate.
The non-dimensional load pressure is independent of supply pressure over

the range used in the computer model.

From the fluid force characteristics shown in Fig.4.6 and th‘e magnetic
forcé ché_racteristiés shown in Fig.4.20 in Chapter 4; it caﬁ be seen that
when x=0, the magnetic force might be greater than the fluid forces acting
on a single~-disc of the valve. In a double~disc valve operation, the net
fluid and magnetic forces will be negative for x=0 and the disc willv not
1lift from its" supply nqzzle seat. For proportionsl operation of the valve,
the discs and rod assembly are not to be operated within the small region
where the net fluid and magnetic forces are negative. For this reason, a

rod length is used with a clearance which is equal to twice the distance
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between the supﬁly nozzle tip and the position where the net fluid and

magnetic forces cease to be negative.

The effect of varying the rod clearance CR between 0.00 and 0.20 mm on the
net fluid forces acting on a double-~disc valve is shown in Fige 5.13. Frdm ‘
the Figure it can be seen thgt CR significantly influences the shape of the
fluid forces. The null gradient reduces with increase in rod-clearance.
From the figure, it can be seen that when x=0,  the net fluid force is zero
for CR=0 and is about 1.2 times the product of supply pressure and supply
nozzle area for CR>0. For CR=0, the gradient of the net fluid force is
first negative for disc displacement of about 12.5 pechent of Ty and the
maximum fluid force occurs here. For switching valve operation, .the point
where the disc takes up the rod-clearance should be the place where the
- maximum fluid force occurs. Fof this reason, the best rod-clearance is seen
to be about 12.5 per cent‘of total disc travel (which is about 2 per cent
of supply nozzle diameter). For proportional valve operation, the fluid
force gradient should be negative and this implies that the discs and _the
rod assembly moving together as a solid body should ‘operate within the
region of nega;cive‘fluid force gradient which is about 75'pe1f' cent of total
disc travel. Hence the best rod-clearance should bei25 per cent of total
disc travel (about 4 per cent of supply nozzle diameter) which is twice
that for sﬁifching action. For a rod clearance greater than 25 per cent of
total disc travel, the valve requires a powerful electro-magnetic coil to

‘ be able to pull the disc towards its adjacent nozzle for switching action.

Fig.5.14 shows the effect of rod clearance CR on the total drain flow
through the valve under blocked-load conditions. The flowrate is seen to
decrease with increase in CR. This is because the discs are close to the
drain nozzles for a large CR and thereby reducing the curtain areas through

which flow can pass. The rod clearance has no significant effect on null
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pressure gradient (see Fig.5.1§). However, increasing the rod-clearance
from 0.00 to 0.20 mm (about O to 20 per cent of total disc travel), the
range of load pressure drops ffom 100 to 56 per cent of supply pressure.
For CR>0, the pressure at each load port is greater than 50 per ceﬁt of -

supply pressure and this result in increase in hydraulic stiffness.

The theoretical médel has shown that the push rod diameter has no
-significant effect on fluid force, flowrate and load pressure when the rod
diameter is less than or equal to 80 per cent of drain nozzlé diameter. For
rod diameters greater than this value, the fldwrate, fluid force and null
load pressure dfop dramatically as the flow passing through the drain
annular passage is highly restricted. From Table 5.1, it can be seen that
the best compatible rod diameter shouldvlie"between T7 and 80'per cent of
drain nozzle diameter. For a given rod diameter, there is a correct choice
of rod length to avoid buckling in the annular space formed by the rod and
the drain diameter. The influence of rod geometry on the-likelihodd of
buckling is given in appendix A10. Fig. 5.16 shows the effect of rod
length on buckling load. The critical load gives an idea of the maximum
forcebthat a given double-disc valve size can withstand without any failure
and is well in excess of any possible fluid and electro-magnetic forces

likely to be encountered.

¥hen the valve is o?e;ated in proportional mode, the electroJmégnetic coilé
receive a differential current from the PWM amplifier; The discs and rod
assembly then adopt a position where the net fluid forces balance fhat of
the magnetic forces acting on the discé. Figs5.17 shows the combined fluid
and magnetic forces acting on a 3f mm diameter double-disc valve under
blocked load conditions. The maximum current that can be generated by the
PWH amplifier is 1500 mA and the currents in coil 1 and 2 are given a

differential coil current, AI, ranging from O to 1500 mA. The total disc
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travel Ty for zero rod-—clgarance is shown in Fig. 5.17 as AB and the mid-
positioﬁ is denoted as O. With rod-clearance, the disc travel is limited to
A'B' with mid-stroke of discs and rod assembly now at position 0'. The rod-
clearance here is given by distance AA' + BB'. The distance 00' is equal to
one-quarter of the rod-clearance. In the figure, when the differential coil
current, AI=1500mA, the net forces acting on the discs and the rod
assembly are positive throughout the disc displacement. This shows that the
valve acts as a switching device at a differential coil current of 1500 mA
as the right-hand disc.closes the right-hand supply nozzle at the same time
that the left-hand disc closes off the left-hand drain nozzle. When
AI=900 mA, the net force crosses the displacement axis af point ¢ which
coiresponds to the position where the net fluid forces balance the net
Vmagnetic,fo'rces. Position d, e and 0' correspond to the balance points for

- OI= 600, 300 and O mA respectively.

The resulting position of the discs and rod assembly for a range'of
differential coil currents is shown in Fig.5.18. The -figure shows that the
position of the discs and rod assembly is:proportional to the differéntial
current applied to the valve electro-magnetic coils over most of the disc
displacement range. The so0lid line in’Fig.5.18 is merely a straight line
drawn through the data to show the very goéd linearity. From Fig.5.17, it
can be seen that the'_disd displacement should not be greater than 0'B' to
be within the proportional region of the ‘valve and the corresponding
maximum differential current to operate the valve for a supply pressure of
70 bar is 1200 mA (from linear regression analysis) for the valve

configuration used.

Shell Tellus o0il R37 was used throughout the experiments conducted with
both the prototype and pre-production versions of the double-disc va‘lvea

Typical viscosity-temperature characteristics of Shell Tellus oils R are
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shown in appendix Al1. The normal working temperature range for most
commercial valves is 20° through 60°C and the corresponding viscosities, as
extracted from appendix A11, are shown in Table 5.3.

Table 5.3 Shell Tellus R37 oil viscosity at different oil temperatures.

Temperature Kinematic Absolute

| %¢ viscosity = = fiscosity
cs (in®/sec) | 1b-sec/in

20 95.0 (0.15) 1.21

30 58.3 (0.09)  0.74

40 36.2 (0.06) 0.46

50 . 24.6 (0.04) 0.31

60 17.5 (0.03) ' 0.22

The viscosity is seen to decrease markedly with temperature. The values of
the absolute viscosities as shown in Table 5.3 are used.to calculate the
- effect of oil.viscosity on the fluid forces acting on the double-disc
valve. Fig. 5.19 shows the effect of oil temperature (TEMP) or viscosity on
fluid forces acting on a double-disc valve. Both the fluid force level and
null fluid force gradient are seen froﬁ fhe figure to decrease with oil
| temperatureb(or with decrease in{oil viscosity). When the valve is operated
in a proportional mode, the eleétro-magnetic‘coils receive -a differential
current from a PWM ;mplifier. The discs and rod assembly then adopt a
position where the net fluid forces balance that of fhe magnétic.forces
acting on the discs. For a given differentiai current, the magnetic“forces
acting on the discs remain constant with oil temperature while the fluid

forces vary. This must mean that the valve is always viscosity-temperatue"

dependent which is a major disadvantage. Figure 5.20 shows the resulting -

position of the discs and rod assembly for a range of differential coil

currents with oil temperatures of 20 °C, 35 °C and 50 °C. The figure shows
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that the position of the discs and rod assexﬁbly is proportional td the
differential current applied to the valve electro-magnetic coils over most
of the disc displacement range. The slope of differential coil current
versus discs and rod assembly position reduces with increase in o0il
temperature. This implies that the valve must always be designed for the
worst case i.e maximum operating temperature. 0il viscosity has little
effect on load pfessure while flowrate increases with decrease in viscosity

as the o0il becomes thinner.

All the valve geometrical parameters shown in Table 5.2 are scaled linearly
bétween 0.5 and 4.0. Fig.5.21 shows the effect of scaling, VSCF, on net
fluid forces acting on a double-disc valve for equal drain-to-supply nozzle:
-area. From the figure, it can be seen that the gradient ét null pbsitipn
, falls’off quickly and a point of inflection is observed for linear scaling
greater than or equal to 3.0. For best stable characteristics of the valve
near null position, Fig.5.21 suggests that the valve must not be s¢aled-up
more than 3.0. For a valve with drain-to-supply nozzle area greater thaq
unity, the valve becomes unstable for geometrical scaling greater fchan 1.5.
It can be concluded that linear scaling or geometrical scaling should be
done with care as the valve general performance depend on many parameters
which may be inter-related. The nozzle land diameter, for example, must be
less than 1.2 times the nozzle diameter to avqid cavitation.» In scaling the
~ valve, the various geometrical relationships derived in section 5.2 must
be considerei’i to effect a good valve performance. Flowrate increases with
valve scalingas shown in Fig. 5.22 for unity drain-to-supply nozzle area
ratio. Howevér, the flowrate flattens out near the valve mid-stroke when
VSCF > 1.5 for valves whose drain-to-supply nozzle area ratio greater than
unity. This caﬁ 'b,e attributed to valve flow saturation. Pressure gain is

unaffected by linear scaling.
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The geometric design considerations for the double-disc valve have been
presented in this chapter. The next chapter will be looking at dynamic
characteristics of the valve based on an approxiﬁately lumped parameter

model.
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Fig. 5.1' Jamming conditions of a disc in its chamber.
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Fig. 5.15 Effect of CR on load pressure curves.
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Fig.%5.117 Coinbined fluid and electro-magnétic forces acting on a double-
disc valve for proportional control.
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Fig. 5.19 Effect of o0il temperature TEMP on net fluid forces acting on a

double-disc valve.
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6. Approximate lumped parameter dynamic model for proportional control

6.1 Introduction

The double-disc valve is é device that uses mechanical motion to control a -
source of fluid power. Because the valve is.the mechénical/electrical—to-
fluid interface in a hydraulic systém, its performance is crucial in the
overall control system design. Thereforc a dynamic model of thc valve

performance characteristics is useful to the system designer.

In analysing the fluid forces of the valve under steady-state conditioms,
it is possible to use a spatial distributed parameter approach. This was
because the flow is assumed to be radial, laminar and fully developed
within the valve chamber. -Even with all these assumptions, the accﬁrate
theoretical evaluation ;of the fluid forces ‘is complex owing to ‘the
difficulty in precise assessment of the flow patterns in_the nozzle 1land
regions. Evidently under dynamic flow conditions, the determination of the
fluid forces becomes even more complicated because of acceleration and

deceleration of the flow and the movement of the discs.

Thc purpose of this chapter is to ‘establish an approximate lumped parameter
dynamic model of the valve under investigation. The relationship between
- pressure and flow are non-linear‘and a linearized approach is - therefore
used throughout the analysis. The dynamic characteristics of the .electro-~

magnetic solenoid used in the valve are also included.

- 6.2 PFlow _equations

Consider the four-way double-disc valve shown in Fig. 6.1. The orifices are
completely analogous to the four arms of a Wheatstone bridge, and this
analogy is helpful in visualizing valve operation. Arrows at the ports

indicate'theiassumed directions of floéé, and the numbers at ports refef to
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the subscripts of the fléw and the area at the forts. The two floating
disés are assumed to be moving as a solid body. Let the valve be given a
positive displaéeheut from the null or neutral position, that is, the
position z = 0, which is chosen to be the symmetrical position of.the discs

in the chambers.

Flow through thé valve restrictions are described by the orifice type of

equation:

where Q is the flow rate, p is the pressure difference across the orifice,
is the density, A is the annular curtain area and Cp is the discharge
coefficient.

Therefore

(6.1)
Qs (6.2)
Q3 = (6.3)
Q (6.4)

The return line pressure Pp will be neglected becausevit is  usually mnuch
smaller than the other pressures involved. if the return . pressure is
appreciable, then Pg can be interpreted as the pressure difference, that
is, supply pressure minus return pressure, across the valve. The orifice
areas depend on valve geometry and four equations are required to define

the areas Ay, Ao, A3,and A4 as a function of valve displacement.
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Therefore,

A4‘=ﬂbns(zf1;{z) | | (6.5)
Ay =Ty (ags - 2) - | | (6.6)
Az =Ty (zgp *+2) o | (6:7)
Ay = TDpg (agy = 2) | | (6.8)

Considering‘ only the steady-state characteristics, the compressibility
flows are zero énd the continuity equations for the two vélve chambers are
QL = Qa - Qé o . (6.9)
Q= Q3 - Q4 | | - (6.10)
A dynamic 'aﬁalySis would require incluéion of the compressibility flows
which depend on the valve chamber volumes. However, this is best achieved
by considering the combination of valve and’actuator, because the actuator
and lines contribute appreciable volumes. Now, by definition,

P, =Py - Pp | (6.11)
Qp, is the flow through the load and Pj, is the pressure drop across the

load.

Bquations (6.1) through (6.11) are required to define the pressure-flow
behaviou: of a four-way valve. These 11 equations can be solved
simultaneously to yield load flow &as a function of valve position and load
pressurefrthat is

Q, = f(z,PL)‘ = ’ . (6.12)
The piot-of quation-(6.12)'is known as the pressure-flow curves for the
valve and is'aVcomp1ete description of steady-state valve performance. ‘All
the performance parameters, such as valve coefficients, can Be oﬁtained
from these éurves. Fpr,example, selecting a value for z will numerically
determine'all'the érifice areas. Then choose a series of values for Qj and
solve (6.9) and (6.10) for Py and Py, respectively, for each Q value. Thus

it is possible to. tabulate z,‘QL, Py, Py, and also Pr.

" A. Usman . | | AUGUST 1984



Approximate lumped parameter dynamic model 146

“Assuming Pp is very small compared to the other .quantities and using

equations (6.1), (6.2), (6.5) and (6.6) in (6.9) gives

-~ | 2(PS - P1) | 2P1
QL = CpngTl Dpg (251 * 2) "“‘E“"’ = CpnpWDpp (zgp - 2) 7 (6.13)

Similarly using equations (6.3), (6.4), (6.7) and (6.8) in (6.10) gives

- 22, |
A = Cop T Dyp (52 + 2) 2 CpnsT Dpg (21 - 2)

 The total leakage flow through the valve is given by

2(Pg - Py)

P

(6.14)

Q = Q + Q3 . | (6.15)
The total centre flow or leakage through the valve is useful because it
gives the power loss at the null operating point. At this point, z = P = 0
and Py =P, = Py/2 so that A, = As, and equation (6.15) gi?és the total
leakage flow as

Pg

Q@ =2 CDnDT(DnD_ZfZ v (6.16)

- 6e2.1 Linearized analysis of valve

Using linearized analysis, the valve cbefficients at null, that is, at the
point where z =Qp =Py =0 and Py = P, =,Ps/2 can be determined. The |
values of the valve coefficients vary with the operating point. The most
important operating point is the origin of the fressure-flcw curves ( that
is, where Qp =P =2 =0 ) becauée system operation usually occurs  near
this region, the valve flow gain is largest, giving high system gain, and
the flow-pressure coefficient is smallest, giving a low damping ratio.
Hence this operating point is the most critical from a stability viewpoint,
and a system stable at this point is usually stable at all operating

points. The linearized form of equation (6.13) is

09, 29y,
AQL = — Lz + — AP1 : (6.17)
_bz ) 0Py o
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The mnull valve coefficients can be obtained by differentiating equation

(6.13) and evaluating the derivatives at null. Therefore

09q, | Pg

—| =T Cons DPns * Comd DnD] - (6-18)

bz o : N
QL ~ TrE;Dns Dps 21 * Cpnp Dnp Zfz] | (6.19) -
P1 o J PPS

In a similar fashion equation (6.14) may be linearized about null to obtain

- dqy, 3y, v |

Ay = — e+ — AP , | (6.20)

. bz o aPz P . ’
where ,
bQL - ’ | Ps . ‘ | |
— = C D C D -— ' 6.21
¥ . TrEDns ng * Cpnp n.lj’ P ( )
9| _ W[ns Pns Z£1 * Cond Pup 29| (6.22)

> ,
2 ° . J e Ps

Addition of equation (6.17) and (6.18) and combining with (6.11) yields

AC KqolN2 - Keo/APL | ’ (6.23)
This 1is the linearized form of the pressure-flow equation of the double-
disc valve for operation at null. The null coefficients are obtained

directly from this equation.

AQL Ps . |
Kgo = = T(-E])ns Dns * Comp Dn]] T ‘ (6.24)
Lz AP0
ConD Dnp
P C D
L Dn
Kpo i _ s “ns (6.25)
Az AQL=O Cpnd Pnp
gy ¥ Zg2
' Cons Dns :
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(6.26)

_ Ay, _ WE)ns Dng zg1 * Cpnp Dnp zf_;_[
= App 1Az=0 2[pp,

6.3 ., Fluid forces

The significant fluid forces acting on the valve are:-

(a) that resulting from the Static pressure acting on the noézle area
projected onto the dise,

(b) the veiocity or dynamic pressure,

(e¢) -that &ue to both the radial outward and inward flow and

- (d) transient fluid force.

6.3.1 Steady-state fluid forces

Consider the double-disc valve configuration in Fig. 6.2 in which the two
discs and the rod are moving as a rigid body to ‘the right. It has been

assumed that the current in coil 2 is greater than that of coil 1.

Considering disc 1, the fluid forces acting on it are the static pressure
Ps acting on the nozzle area projected onto the disc, - the velocity or
dynamic pressure and that resulting from both the radial outward and inward
flows. Using Bernoulli's equation, the static and dynamicapressﬁre force
Fgq on the disé is given by | |

2] |
Fsqa =| Ps + — |[4gn (6.27)

2

where wuy is the fluid velocity at the plane of the nozzle diameter and is
given’by |

uy = Qq/Ag, | (6.28)

‘The radial outward fluid force F1ro acting on disc 1 (from chapter 3) is

given by
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Ry
Firo = 2T¥_f Pip(r) r dr
Tal
where
6MQ;  [Ry, 0.193pQF [ 1 1
P1L(r) = P1 + lnj—} + E ——— _— - -
Md, Ir ) gy, R 2

Combining equations (6.27), (6.28), (6.29) and (6.30) gives

- 2
Py, = Agp Pg + Cqp, Py + Cpp, Qp *+ Cap, QF
where

036 ‘

4

Carn2 | L2
Cqp, =T(Rf - rgq)

sm[ Ry

Cop, = — |B2 = r2;{ 2 1n| —| + 1

3
hiy, Tal

| 2
P 0.193¢ Tot R
C3L = + 1 - — -2 1ln| =—
.\ | | |
2hgy  T*hiy \ g Ta1

From chapter 3, the radial inward fluid force is given by

Ry,
Fig = 2Tl j Pyp(r) r dr
46
where
6MQ [ 0.193Q3 |1 1

Inje— | + e———— — - —

,P1R(r) = P1 +

22 2 g2
Tnfp Ry Thin |7 B

Using equation (6.37) in (6.36) and integrating gives

- 2
Fir = Cyr P4 + Cop Q2 * C3p Q3
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(6.29)

(6.30) -

(6.31)

(6.32)

(6.33)

(6.34)

(6.35)

(6.36)

(6.37)

(6.38)
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where
’ C1R‘='“(R% - r%c) ‘ - (6.39)
Con = RS - rd.d2 « 15 6
2r = — |BL - T4e in | — (6.40)
hig _ T4G
2 R
0.195¢ rae\” (R )
C3R = -1 + — + 2 lnf =— : (6-41 )
_ o |
Ti“nfg \Bg, Tae
hyy, = HGg + 241 *+ 2 | (6.42)
h1R = HGD + Zfz -2 | . (6'43)

Similar ‘- reasoning 1leads to the equations for the fluid forces acting on
disc 2. The fluid force acting on the supply side of disc 2 is given by

Fom = Agn Ps * Bip P2 * Bog Q4 * Bap O | (6.44)
where coefficients By to BBR are the same with that of Cyg to C3L wifh
suffix R instead of L, a2 instead of al , 2R insteaq of 1L, and z replaced
by -z.

The fluid force acting on the drain side of disc 2 is given by

FZL = B1L P2 + B2L Q3 + B3L Q% k (6045)

where coefficients By to Bzj are the same with that of Cyg to Czp with

suffix R instead of L-, 2L instead of 1R and z replaced by -z.

Now the resulting fluid force Fy acting on the two discs and the push rod
moving together as a rigid body is fhe difference of the net fluid forces
Fy and F, acting on the discs. Thus

Ff = F2' - F1 = (FZR - FZL) - (F1L- F'1R) - ' - (6-46)

A linearized analysis would be used as the equations are highly nonlinear

and the following assumptions wbuld be made:
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(a) the valve operations are close to null so that'P1:P2:Ps/2
(b) the absolute viscosity of the fluid is constant

(¢) the fluid density is constant

(d) the valve displacement z is small so that by, h?R'hZR and hyy can be

approximated by the following equations:

hyp = 25y + Hcs N : - (6.47)
hyg = 24> + HGp | ~ (6.48)
N = zgp +HGp | v (6.49)
hop = zgq * HGg - | (6.50)

(e) the two disc chambers are identical so that Ry = Ry and rpy = rgo-
From conditions (d) and (e), the coefficients C's and B's are related as
follows:

C4L = Bigs Cap = Bops Csy = Bsp, Cqp = Byps Cop = Bpp, and Osp = By, (6.51)

Under these assumptions, equation (6.46) can be approximated by

Ff = - Kf 2 . ’ (6'52)
where ~ '
| N
Kg = 2T Cay, Cppg Dng * C2r Cpad Dn‘)il T
| e
2 2 p2 2 _p2 |
+ 4T [‘331. CPns Pas Z£1 * 3R CHnp Dop zfz:l I (6.53)

Equation (6.52) 1is the steady-state fluid force on a double-disc . valve.
Because = this force depends on valve displacement, it 1is.  completely

analogous to a centering spring on the valve.

6e3.2 Transient fluid forces

The forces so far discussed are static and their value can be calculated
for a given static disc displacement and flow rate. However, during

unsteady or transient conditions the flow rate is not steady and the fluid
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accelerations involved cause additional fluid forces. Consider the fluid

slug, of length Lsntl' and cross-sectional area Ané1' in the valve left-

hand supply nozzle tube in Fig. 6.3.

The magnitude of the transient fluid force is given by Newton's second law .

as
Force F = mass x acceleration
i.e ‘
o , d [Q ) aQq - _
F "eLnst1,Ans1 - = QLlpgyt — o ' (6.54)
dt Ans1 dt '

Here the fluid is assumed to be incompréssible so that the volumetric flow
rate through the valve supply nozzle tube equals that through the orifice.
' In addition the siug is assumed to move at velocity Q1/Ans1' F is the force
required to produce the rate of change of momentumg the reaction ¥, on the
left hand disc is equal and'opposite to F. For example, if the flow Qq is
-increasing, the accelerating fqrce nust be in the positive z diréction, but
the reaction F, on the disc is opposite and tends to close the drgin
nozzle. F,. is thus stabilising. If, however, the same analjsis is appliedi
to the right-hand supply nozzle tube flow Q4, it is seen that as Q4
increases, F, is destabilising and tends to open the left-hand drain nozzle

~ curtain area further. The transient force on the left hand disc in Fig. 6.3

is
dQ1 - :

Frt1 = Plpggr — (6.55)
dt , ,

Similarly, the transient force on the right hand disc is given by
dQ4

Frt2 = Qlpgte — (6.56)
dt

The resultant transient fluid force is given by

Tree = Freo = Frpd (6.57)

Differentiating the flow rates in equations (6.1) and (6.4) with respect to
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time t and neglecting the drain pressure Pp, the respective transient fluid

forces are

dQ1 .
PLsnt1 ;;' = Lgnt CDnSTTDns (6.58)
dQ4
R Lgnt2 ;;' = Lgnt2 CDnsans (6.59)

Thus we note that the transient fluid forces are proportional to thg diéc
velocity and pressure changes. The velocity term is the more significant

because it represents a damping force. There is little direct evidence to
" indicate that +the pressure rate term contributes substantially to valve
dynamics, and therefore it is usually neglected {66]. - In most dynamic ‘
analysis it is sufficient to.consider Py, = 0. That is Pq=P,=P /2 for valve
operation near null position. This value also gives the 1largest fluid

forces.

Neglecting the pressure derivative terms, the final expression for - the
transient fluid force becomes

dz .
Trff = - Bf -— : . . (6.60)

dt
where

Bf =“E)Dns Dns Lant1t * Cons Dns Lsntgl /QPS . (6.61)
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6.4 Eiectroimagnetic subsysten .

The double-disc valve have two coils. Each of the coils has an inductance L
in series with resistance R. In general, L varies with z ( dise
displacement ) but its variation is small compared to other factors and has

been ignored in the analysis.

The resulting equation for coil current is
v

I=-(1+7,s) | (6.62)

Re

where T, = L/Rc the coil time constant and 's' is the Laplace operator.

The magnetic force F exerted on the disc is a nonlinear function of I and
Z ( disc displacement ). That is F_ = £(I,Z) and using the normal

linearization techniques

JF WF,- C .
§F = — &1+ —67 orfy = Cp i+ Cpy z (6.63)
I 3z

where - lower case letters represent small pertubations of the parameters
represented by the higher case symbols and Cpy = ¥}F, /I, Cpx = me/az both
measured at reference condition. Equation (6.62) is transposed to small

pertubations by replacing I and V by i and v.

* Referring to Fig. 6.4, the two coils on an electro-magneti’c solenoid are
generally supplyvfrom a push-pull source. A voltage Vcc in the amplifier
driving the solenoids establishes a quiescent current IO in each coil but
there is no net force on the two disés and the push rod solid body because
the currents oppose each other and the fluid force acts against the motion
of the discs. An increase in the input to the amplifier causes the current
in one coil to increase as the current in the other coil decreases

simultaneously by the same amount. Hence the current in the two coils may
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be written
i1 = I - i ’ (6.64) .

where iy, i, = current in each coil, respectively,

I constant quiescent current in each coil,amp

(o]

n

i = signal current in each coil, amp

. The quiescent current'Io is usually about one half the maximum signal input
to the amplifier, the current in one eléctro-magnetic coil will be zero so
that the maximﬁm differential cufrent will occur in. the coil. With such a
quiescent ‘current level, which is ' required because of the amplifier
characteristics, the efficiency is only 50 per cent. This is a minor point,
however, because the electrical power involved is small compared with

hydraulic losses.

Figure 6.5 is a sketch of the coils configuration employed in the double-

disc valve. The electro-magnetic force exerted on each of the discs is

'~ given by
fm1 = CFI i1 + CFX Z4 o (6-66)
fm2 = CFI 12 + CFX Z2 ; ' (6.67)

- The value of z4 and z, are the same and equal to HGg + zpy when the  discs

are centred. When the discs are displaced z from the centre or neutral

' position,
- zqy = HGg + 24 *+ 32 ~(6.68)
Zop = HGS + Zgey =2 ' (6-69)

' The resultant electro-magnetic force f; in the positive z direction is given
, .by
"fm = fmz - fm1 . ) (6070) ‘
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Using equations (6.64) through (6.69) in equation (6.70) gives
fm=2CFI 1-2CFxZ (6.71)

The coefficients CFI and CFX would be obtained from the definition of

electro-magnetic force of a flat-face magnet used in the valve.
The electro-magneti¢ force F; is given by [61]

n, A, (NI)?
Ye ¢ (6.72)

4 g2
wherepg is the permeability of the oil gap, I is the current in the coil,
N is the number of coil turns, g is the distance between the disc and the

magnetic surface and Ac is the cross-sectional area of the iron core

Now
¥, | g A, N2I |
c o
CFI S | = _g_—_—. . (6.73)
R o v 2 gg
dF A, (NI)2 '
n M ,
Cpg = —| = = e 27 (6.74)
bg o -2 gg
g =HGg +zp +2 ' - ' - (6.75)

where I, is the constant quiescent current ih each coil, g, is the value of
g when discs are‘centredee.z =0, HGS is the supply nozzle holding gap -

and zg is the neutral position of the disc from the supply nozzle tip.

6.5 Mechanical characteristics of a double-disc valve

An approximation to the dynamic performance of the double-disc valve can be
found by summing the forces acting on such a system. Therefore, by'

combining the fluid forces and the electro-magnetic force with the discs
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inertia force, the force balance becomes

d2z :
fo * fop = My — ' . (6.76)

at?
where fm is the resultant electro-magnetic force, fft is the sum of ]
- transient and steady state fluid forces and M, is the mass of moving parts

of the valve.

Equations (6.52), (6.60), (6.71) and (6.76) are the four basic equations

and may be solved simultaneously to obtain

2 Cpr/M ' '
~ FI/My - (6.77)

) N
1

02 + (By/M,) s + (Kg + 2 Cpp) /My

Using equation (6.62) in (6.77), the valve transfer function can be

rewritten in terms of coil voltage V as

K

V4 . . .
v
- = (6.78)
Y 2 2
(1 + 7, 8) [s2+ (23, w,) s +ws]
where '
[ Ke*20px - Br 2 Cpx
Wv = —-T-—-— y 5'V T e———— and KV =
My 2 M, vy R, My
The transfer function of a servovalve alone can be defined as [66]
JALS r Ko Wo .
= (6°79)

(1 + spip) [2 + (2 3o Wo) 8 * wg]

, where the coefficients in equation (6.79) are define in appendix A12.
However, usual practice is to use no load (i.e., P;=0) flow 159L=qul?v as
an output parameter rather than spool position. Comparing equations (6.78)

and (6.79), it can be seen that the transfer function of a double-disc
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valve has the same form as that of a servovalve. Except thét the numerical
values for the damping rétios, natural frequencies, time constants of the
coils and the static gain constants are different. Although, the *two
transfer functions have the same form, the double-disc valve can be
described as a highly underlap servovalve. The hydraulic stiffness of the

valve is low compared with conventional servovalve.

The transfer function of a valve-equal area piston combination can be shown

to be [66]
x (Ko /Ay) W2
2 .
- s [82+ (2 3 wp) 8+ w%]
where 5
. “Pe Ap L |
Wy s = hydraulic natural frequency : (6.71)
Vt Mt ‘
; K M B v
. ce et t
p= — 2 ¥ — = damping ratio » (6.72)
Ap Ve 4Ap BeMy ’

This transfer funcﬁion assumes spring - loads are absent, no load
disturbance, all pressures are uniform, no line loéses, negligible minor
losses, no pressure saturation, constant fluid density and temperature and
that the piston is centred as the natural frequency is lowest in  this
position. Variations in the gain constant Kq/Ap, the hydraulic natural
frequency wy, and especially in the damping rafio;}h occur and cauée
considerable shifting in the frequency response with different operating

positions of the piston.

This chapter has presented the transfer function of a double-disc valve

based on approximate lumped parameter concepts. It shows that the double~

disc valve can be looked at as an underlap servovalve. The next chapter

will describe the results of experiment conducted with the double-disc

-
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valves in position control configuration with two different cylinders. Some

possible area of applications of valve will be outlined.

P‘ PD(Drain) : [3
f ) 3
a Jat |
e 1 7 MR e 1 2R
R L} < LY \C =)
supply I RGE — 3 | Ts Supply

nt

wnO
v QTJ~.

Fig. 641 Fourfway double-disc valve operating about the mid-position.
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Fig. 6.2 Fluid forces on a double-disc valve.
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Fig. 6.3 Transient fluid forces.
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dc amplifier with
v: single -ended input
n and push-pull output

Fig. 6.4 Schematic of electro-magnetic coils being drivemn from an
amplifier.
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Fig. 6.5 Electro-magnetic forces.
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7. Applications of double-disc valve

)

This chapter deals with experiments carried out with the prototype and pre-
production valves. The tests were conducted with a long-stroke ﬁnequal area
cylinder for flow calibration purposes and also with a short-stroke equal
area cylinder. In the latter tests the cjlinder was connected for closed-
loop position control under conditioﬁs of constant load. Proportionali
control of the valve was achieved using pulse-width-modulation. Some

possible areas of application of the valve are also presented.

Tt Prototype valve - unequal area cylinder combination

To gain insight into the performance of the floating double - disc valve in
'working'conditions, an experimental rig was set up. The experimental fig
incorporated the prototype valve, high pressure hydraulic rig (see appendix
A13), long stroke cylinder, feedback potentiometer and valve mounting'

blocke.

A block diagram of the experimental set-up with the>valye providing a
position control system in open-loop is shoﬁn in Fig.7.1« - The pressures‘in
both disc chambers were measured with the aid of piezo-electric
transducers. Pressure transduéers were installed at the supply line and
‘return line to record the supply and drain pressures. CaVitation is likely
to occur in any hydraulic system. To‘check this, a needle valve was fittedl
Jjust dowﬁstream of the valve so that the back preséure could be adjusted to
any desired value. The piston or jack position was recorded by monitoring
the feedback potentiometer. The various pressure time-histories of the
system were also recorded. These recordings were accomplished with the aid
of thé RSP programme [67] used in conjunction with an Interdata 7/16
Minicomputer and Micro-Consultants analogue data acquisition system. A

permanent record of results were made with the aid of the associated X-Y
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‘plotter.

Fig:T.2 shows a typical jack output position time-history for the case when
the valve was fully switched and the jack was extending. The speed of the
jack’remained constant at 6.7Iin/s (170 mm/s) until it completed its
stroke. The jack speed is given by the gradient of the jack output position
-time-history and the product of speed and effective piston area gives the
average load flowrate. The flowrate in this case was 11.8 1t/min. Fig.7.3
shows the corresponding pressure fime-history associated with the jack
output position time-histofyvshown in Fig.7.2. From the figure it can be’
seen that the two chamber pressures on either side of the piston remained
constant during the jack moving period. The pressure, P4, in chanmber 1
reméined consfant at 240 Psi (17 bvar) when jack was still moving and
dropped to about 50 Psi (3.5 bar), the drain pressure, on completion of its
motion. On the other hand, the pressure P,, in chamber 2 rose from 160 Psi

(11 var) to 950 Psi (67 bar), the supply pressure.

Figs. T.4 and 7.5 show the typical pressures and jack output position time-
histories under retracting conditions. Under the retracting conditions, the
pressure Pg; dropped from 350 Psi (24.5 bar) to drain pressure and chamber
pressure Py, rose from 750 Psi (52.5 bar) to 950 Psi (67 bar). The jack
speed was 5.0 in/s (127 mm/s) and the corresponding flowrate was

8.8 1t/min.

T.1.1 Effect of carrier frequency on the prototype valve - sinusoidal test

For a given supply pressure, the range of carrier frequencies that the
valve is controllable was determined with the aid of an analogue pulse-
width-modulator and a switching amplifier. The pulse-width-modulator
amplifier has a summing operational amplifier and a comparator. The

comparator was used to compared the d.c. voltage level of the carrier
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signal (sawtooth) with that of an input signal (sinusoidal).

The ratio of the carrier frequency to the input frequency was carefully
chosen to be as high as possible. This was to ensure that the input signal
did not make any contribution to the output position of the system.
According to Ikebe et el [41], fhis ratio must be greater than 7. The main
principle behind this approach was as follows: for a high ratid of carrier
frequency to input frequency, the trigger level of the comparator was
gradually varied and the mark/space ratio of the modulator output thus
changed accordingly. The valve responded with the pulse-width-modulator

output.

The speed control of the valve was- varied sinusoidally by using a sine wave
input to trigger‘the comparator of the analogue Pulse-width-modulator. In
so doing, the mark/space ratio of the output waveform varied with thé sine
wave input. The experimental set up was the same as for the flow capacity
estimation. The jack output position was recorded using the RSP programme
for various carrier frequencies. The speed of the jack at any point on thé
position time-history shown in Fig.7.6 is given by the slope at that point.
Clegrlyy it can be seen that the jack speed is not symmetrical for both
extending and retracting situétions.;This could be attributed §° the
cylinder which is not symmetrical and the two valve chambers might ﬁot be
identicai. A typical speed versus carrier frequency cur#e for the four-way
arrangement of the valve is as shown in Fig.7.7. The figure shows that the
full jack speeds in extending and retracting conditions were 6.7 in/s (170
mm/s) and 8.1 in/s (206 mm/s) respectively. For carrier frequency of 100
Hz, the speed control ranges of the valve in extending and retracting
conditions were O to 4.4 in/s (112 mm/s) and O to 0.76 in/s (19 mm/s)
respectively. When the carrier frequency was increased to 200 Hz, the speed

control ranges were increased to 5.7 in/s (145 nn/s) in extending

A. Usman : AUGUST 1984



Valve applications . 165
situations and 0.95 in/s (24 mm/s) in retracting conditions.

Generally, valves using pulse-width-modulation techniques often generate
~large hydraulic noise downstream of the valve which méy adversely affect
the accuracy of a positioning system. This hydraulic noise was found to be
controllable by selecting the‘correct choice of carrier frequency and the
hydraulic pipe network. For a quiet valve operation, the carrier frequency
must be greater than the natural frequency of the complete hydraulic system
and the structural modes of the equipment or environment. For the prototype
valve under investigation, it was found that the valve was quiet for
carrier frequencies greater than 200 Hz. When a PWM signal was applied fo
the valie, the discs couldnot completely respond>to the high frequency
' switching'bepause of the disc and fluid inertia forces. Instead, the discs
tended to follow the average vélue of the modulated signal as the PWH

carrier frequency was approximately 2 KHz, which was well above the natural
frequencies of thegvalve components. Each coil, in a sense; acted as a

demodulator and each disc position was proportional to the amplifier input

signal.

Tels2 Prototype valve as a three-way valve

To have approximately symmetrical velocity characteristiés for thé‘long
stroke cylinder, the valve was re-piped as a.threefway valve. In this
arrangement, side 1 ioad port was blanked-off and as a reéult the disec
chamber 1 acted as a control chamber. Figure 7.8 shows the pipe
conneétions.The supply 0il was taken from the high pressure rig.Iﬁ this
configuration the piston end of the cylinder always communicated with the
supply pressure while the blank end side communicated with load port 2.
With this arrangement, when the jack was extending, there was a possibility
of reverse supply flow.from the piston\end of the cylinder. To prevent this

reverse flow, an in-line check valve was installed upstream of the valve.
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The full speed tests to estimate the valve flow capacity were repeated.
Fig. 7.9 shows the typical jack output position and pressufe time-histories
of an extending jack under 3-way valve arrangement. The speed of the Jjack
remained constant at 6.2 in/s (157 mm/s) until it completed its stroke. The
corresponding valve flowrate was’ 11 1t/min. From the figure it can be éeen
that the two chamber pressures on eithier side of the piston remained
constant during the jack moving period. The pressureb, Po, in chamber 2
remained constant at 860 Psi (60 bar) when jack was still moving and rose
to 1560, Psi (105 bvar), the supply pressure, on completion of its motion. On
the other haﬁd, the pressure Py, in chamber 1 remained constant at drain

pressure as disc 1 chamber acted as a control chamber.

Fig. 7.10 shows the typical pressure and jack output position time-
histories of a retracting jack under 3-way valve arrangement. Under the'
retracting conditions, the pressure P2, dropped from 687 ‘Psi (48 bar) to
drain pressure anq chamber pressure Py, remained ’constant at supply
pressure 61‘ 1500 Psi (105 bar). The drain ‘pressure remained constant at 204
Psi (14 bar) during the jack motion and dropped to 86 Psi (6 bar) on jack's
completion of motion. The jack speed was 8.0 in/s (203 mm/s) and the

corresponding flowrate was 14.1 1lt/min.

All the experiments conducted so far with the valve employed discs with

thickness of 3.73 mm and_total disc travel of about 0.23 ‘mm. In order to a
increase the flow capacity of the valve, the disc tﬁickness was reduced to
3,56 mm and this modification increased the total disc travél from 0.23 mm
"' to 0.41 mm. The full speed test was repeated and a flowrate of 18.3 it/min

was observed for 1000 Psi (70 bar) pressure drop across the valve.

_ The pressure-flow characteristic from these results is shown in Fig.7.11.

‘From the‘figure. it can be seen that flowrate increases with total disd

A. Usman ‘ o . | N ~ AUGUST 1984



Valve applications . ’ ‘ 167

travel and supply pressure. Positive flowrates are defined for jack
éxtending and negative for jack retracting., The linearity of the flow-

pressure curves shows the laminar nature of flow.

7.2 Prototype valve on an,equalvarea ram rig

The equal area ram rig consisted 6f the prototype valve, feedback
potentiometer, a carriage, and a mounting block. One end of the piston was
connected to the carriage which moved freely on a flat test‘bench with the
aid of ball races. The output position of the piston was measured through
the potentioheter connected to the carriage and mounted alongside the ram.

The prototype valve - equal area cylinder rig is shown in Figure 7.12.

7.2.1 Initial problems with prototype valve - equal area ram combination

After calibrating the feedback potentiometer and the instruments, the
prototype valve was used in a closed-loop to.control én equal area ram. It
was found that the valve could only perform switching functions and that it
could only stop the actuator in one or two positions between the fully
extended and retracted positibns of the ram. In addition, a high error
signal voltage was reguired to actuate the valve. This initial problems
could be attributed'fo the following: (a) long disc travel, (b) the"
magnetic fofces aré more than the fluid forces_and as‘such the valve only
performed switching‘actions,(c) the sawtooth waveform amplitude is far
greater than that of the error signal and this might have caused the input
dead-band. - The ways in which these effects might influence thevvalve
performance will now be discussed.

(a) Effect of error signal gain on input dead-band

The valve was used in a closed-loop as shown in Figure 7.13. The closed-
loop position system consists of the prototype valve, the single output

feedback potentiometer, disc valve amplifier, equal area ram and a carriage
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(see Fig.7.12). The supply pressure was set to 28 bar. The hydraulic pipe
connection is shown in Figure 7.14. The error signal gain was set to 1 and
the valve was given an'ihcremental displacement by increasing the amplifier
input voltage until the output position of the actuator changed. The error
signal amplitude that resulted in change of the piston output position was
reco;ded as the input dead-band. The error signal gain was incfegsed in
steps of 0.5 from 1 %to 10 and the corresponding input dead-band were
recorded. The resglt is shown in Figure 7.15. From the figure it can be
seen that the input dead-band decreases as the error signal gain is
increased. Using this technique, the input dead-band could only be reduced
from 4.S'V to 0.5 V. The result shows the switching properties of the

valve. | | |

(v) Effect of carrier frequency on input dead-band

The test prdcedure and apparatus are the saﬁe as in the previous
experiment. In this experiment,’the input dead-band and erfor signal gain
- relationships were investigated at twé distinct carrier frequencies of 250
and 1250 Hz. The results are aé»shown.in Figure 7.16. From the figure it

can be seen thaf increasing the carrier frequency has no effect on thé

input dead-band.

(c) Effect of sawtooth amplitude on input dead-band

The pulse-width-modulation action of the discrvalve.amplifier wés obtained
from a comparator. This comparator compares the sawtooth waveform with the
error signal. Consequently the amplitude of the sawtooth waveform must have
a significant effect on the input dead-band. The amplitude of the éaﬁtooth
waveform was made adjustable with the aid of an output buffer used between
'tﬁe sawtooth waveform generator circuit and the comparator (see appendix
A10). The test procedure and apparatus remained the same as in the previous
experiments. The input dead-band and error signal gain relationships were

investigated with the sawtooth amplitude set to 5 V and 2 V pk-pk. The
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results aré as shown in Figure 7.17. From the figure it can be seen that
reducing the sawtooth amplitude reduced the input dead-band significantly.
Using the amplitude of the sawtooth waveform to reduce the input dead-band,
limit cycle oscillation was possible for a large error signal gain.

Ideally, the error signal gain must be within that of the sawtooth

- waveform.

Fdr a gain of 5 and sawtooth.amplitude of 2 V pk-pk, the maximum input
dead-band was 0.2 V. This represented + O.1 V input hysteresis. The maximum
current available from the disc valve amplifier was 1450 mA. When there was
‘zero er?or'signal, the current level of each of the two electro-magnetic
coils of the valve was one-half of the maximum current. Therefore the dead-
band region in terms of current was 540'- 910 mA for a sawtooth amplitude
of 2 V pk-pk. The corresponding dead-band regioﬂ for a sawtooth amplitude
of 5V pk-pk with an error signal gain of 5 :was 420 - 1030 mA. Clearly
decreasing the sawtooth amplitude reduced the input dead-band. For correct
operation of the valve, the sawtooth amplitude. should be less than 2 V pk-
pk, error gain set below 5 and carrier frequency greater than 1KHz should

be employed.

7.2.2 Static characteristics of prototype valve - equal area ram combination

The apparatus consisted of the high pressure hydraulic rig, the equal area
ram and the prototype valve. Figure 7.18 shows the layout of the apparatﬁs
in a closed-loop position control. After setting up the equipment, the high
-pressﬁre hydraulic rig was switched on and the required supply pressure was
selectede The input voltage was varied in small steps so that the piston
could be moved from its fully retracted position to its fully extended
position and then brought back to its fully retracted position. For the

range of the demand input voltages, the output positions (as measured with
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an electronic displacement transducer) were measured. This procedure
ensured that.both linearity and hYsteresis were checked. fhe results are
shown in Figure'L19.‘From the figure it can be seen that the oyerall
valve-cylinder linearity was good. However the proportional action of the
valve was not smooth. This can be attributed to the input dead-band
associated with the valve as discussed earlier in this chapter which caused

the valve to perform a stepping action.

7.2.3 Stiffness characteristics of prototype valve and equal area ram

The schematic layout of aﬁparatus used to determined the static stiffness
of the valve is shown in. Figure"?.zo. The pulley arfangement in Fig. 7.20
was used to apply a constant axial load to the equal area ram. The effect’
of such load on the positioning action of the valve was determine from.this

experiment.

The valve was operated in a closed-loop configuration and thevfollowing
procedure was carried out: (a) The piston of the equal area ram wasbfully
retracted and an axial load was applied through the pulley arrangement. (b)
The input voltage was varied in small steps so that the piston could dbe
moved from its fully retracted position to its fully extended position and
then 5rought back to its fully retracted position. For the range of thev
demand input voltages, the.output position (as ﬁeasured with an electronic
- displacement transducérﬁ were measured. This procedure ensured that both
linearity and bysteresis were checkede To determine the maximum load that
the valve-cylinder could carry, the piston was positioned at a convénient
position and a load.(weight) applied through the pulley arranéement was
increased until the output position of the actuator shifted. The load so
obtained was recorded as the static stiffness of the valve-cylinder

combination.
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’i‘he static characteristic of the control system subjected to a constant
axial load of 55 N is shown in Figure 7.21. The result shows that the valve
characteristic is quite linear wii:h little hysteresis. The maximum axial
load fhat the prototype valve could withstand was 90 N for a sﬁpply
. pressure of 28 bar. The valve was found to exhibit limit cycle oscillations
when a load greater than 90 N was applied. The valve was operatéd in a
ciosed-loop position control and the feedback signal corresponding to the
‘output position of the aétuator'changed as ”the system was not stiff enéugh
to withstand the load. The shift in the output position resulted in én
error signal which in turn acted on the valve to cause a shift in the disc
position and thereby created a limit éycle oscillatioﬁ. IncreasingAtvhe

error .signal gain also resulted in limit cycle oscillation.

7.3 Experimental investigation of pre-production valve

In this section, the experiments carried out with the pre-production valve
are presented. The tests were carried out with a short-stroke equal area
icylinder connected for closed-loop posifion control under conditioné of
constant load. The pre~-production valve port’s are of the CETOP sténdards
and the valve is sub-base mounted. Fig, 7.22‘shows the pre-production valve

-equal area cylinder rig.

T7.3.1 Static characteristics of pre-production valve-equal area cylinder

Fig. 7.23 shows typical results of output position (as measured with an
electronic. displacement transducer) over a range of demand input voltages.
~ Fig. T7.24 shows a typical relationship between the demand input voltage and
the differential current across the electro-magnetic coils of the pre-
production valve. The result shows a remarkable linearity. The results

shown in Fig. 7.23 were obtained ﬁnder the following conditions:
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Supply pressure, PS = 37.1 bar, Drain preésure, PD = 10.8 bar
0il temperature, TEMP = 36.0°C,  disc thickness, DST = 3.81 mm
Rod length, RODL = 24.68 nm, Rod clearance, CR = 0.25 mm
Rod diameter, RODD = 3,18 mm, Total disc travel, TDT = 0.50 mm
Static weights, LOAD = 564.0 N, Carrier frequency, CF = 2.20 KHz
Loop gain, GAIN = 2, Actuator stroke, AST = 93,2 mm.

From Fig. 7.23 it can be seen that good linearity with low loop gains
together with insignificant hysteresis weré achieved. The pre-production
valve has been operated with the equal area cylinder over a range of
operating temperatures ( 25°C-40°C), sysfem pressures (28 - 105 bar), loop

gains (1 - 10), carrier frequencies (0.25 - 2.20 KHz) and load conditions.
D;’.fferent disc chamber geometries have been investigated by altering any of
the following parameters: rod dimensioné, disc thickness, rod clearance and
total‘ disc travel. Table 7.1 shows the summary of the different rod

dimensions and discs used in the investigation.

Table 7.1 Summary of the different push rods and discs used with the
pre-production valve.

Disc thickness| Rod diameter | Rod length | Total disc travel|Rod clearance
(mm) (mm) (mm) (mm) | (om)
24.64 0.23 0.05
4.08 2.54
) 24.59 0.18 1 0.10
2.54 24.89 0.50 - 0.05
24.89 0.50 0.05 -
3.81 3.17
24.69 0.25 0.25

The positioning action of the valve-actuator combination is achieved by the

complex interactions between the fluid forces, ¥y and the electro~-magnetic
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forces, Fj acfing on the valve discs. Three different modes of valve
control ganibe established which depend on the magnitudes of Ff and F.
They are: |

(a) Fm > Fg: If the magnetic forces are much greater than the fluid forces
in the valve neutraliposition, the two discs are pulled towards the supply
nozzles and thereby cutting-off éupply»to load ports. The stiffness-df the
valve-cyiinder systen is reduced as the load borts are now coupled to the
drain. To increase the stiffness, two check valves can' be installed in the
load lines. This is advantagebus in low pressure applications when the
vélve is being used as a pilot device. Provision have bgen made in theAdisc
valve amplifier to energise the two coils at thé same time to puil the two
discs to shut-off the supply flow. In this mode, there is zero quiescent
- power loss. Positioning accuracy depends on the electrical gain. The valve
~exhibits some hysteresis as a result of the non-linear electro-magnetic

forces which can be controlled byvincreasing the amplifier gain.

(v) Fp < Fg: If the magnetic forCeé are less than the fluid forces'in valve
neutral position, very good proportional control can be obtained with
little or no hysteresis. However, the range of available magnetic forces
must balance the fluid forces otherwise a large differential coil current

is required to operate the valve.

(e) Fp slightly less than Fg in the neutral disc position but'greater than
Fe at some position within the discs and rod assembly travel. Linearity

might be acceptable but limit cycle oscillation can occur.

For a large fod clearance, the null load pressures are greater than half
the supply pressure. Under this condition, the magnetic force, F  is lesé
than the fluid force, Fy so that the discs are not pulled to close-off the
supply nozzles. This increases the hydraulic stiffnéss of the valve-

cylinder actuator at the expense of system dynamic response. For a given
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0il supply pressure, Fe is fixed but F can be controlled by the amount of
coil current input. The coil current is controlled by the electrical power
supply to the disc valve amplifier. For a supply pressure less than 35 bar
(for example, for pilqt valve applications) the electrical power supply
required is 0-18 V (:9 V). For a direct acting single stage valve with a

supply pressure of 70 bar, a 0-24 V QiJZV) power supply is required.

'7.3.2 Valve-switching characteristics

Seléction of the valve parameters for steady-state oﬁerations has been
shown in Chapters 3 and 5 to be a compromise between fluid and electro-
m;gnetic force considerations. It must also take into account whether thé
valve is to be used in both switching and proportional modes. Factors such
as discs masses, rod inertia, disc travel, fluid inertia in the valve, coil
dynamics, and so on become important when valve switching characteristics

are being considered.

To determine the switching speed of the valve, the switching amplifier
described in Chapter 27was used to energise the‘coils of the valve
Eontrolling an equal area cylinder in open-loop position control. The load
pressures and coil currents time-histories. were collected using a
Bryans/Physical Data Recorder. The Data Regorder has four channels and a
total of 4096\samp1éé_of input signal'were recorded. The Data Recorder has
a pre-trigger &elay feature which aliowed some desired number'of samples to

be allocated to the period immediately preceding the event to be recorded.

Using a mechanical switch and operational amplifier, the Data Recorder waé
externally triggered to record the pressures and currents time-histories of
the valve and at the same time the valve coils were triggered. Fig.7.25
shows typical switching characteristics for a 3tmm dia. double-disc valve

operating at a supply pressure of 1000 Psi (70 bar) with coil 1 on and coil
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2 off. Completion of disc switching is signalled by a detectable local
minima in the transient currentvin the attracting coil, caused by the rapid
change in flux through the disc when it stops,-and this was used for
estimafing switéhing times with dil flowing in the vaive. The coil 1
current minima can be seen in curve I, of Fig.7.25 as point b. The valve
coil 1‘was switched on at point a on the figure. The decaying current of
coil 2 is shown in the figure as I,. The pressureé'time-histories aéting on
rthe sides 1 and 2 of the cylinder are shown as curves Py and P,
respectively. From the figure, it can be seeﬁ that there is a pure time
delay before P2 starts to increase. This time delay is due to the time
constant of the electromagnetic coil. The load pressure P, increases to
aimost supply pressure before dropping to a constant va}ue during which the
piston of the cylinder was moving. On the other hand, the load pressure P1
dropped from supply pressure to.a'constant value below that of P, when the
piston'was’moving. The rod clearance was takén-up at position ¢ of‘curﬁe Py
and disc 1 completed its travel at point<£ The switching time for this
set-up of rod-clearance of 0,15 mm is 12 ms and the time delay is 5 ms.
Fig.7.26 shows the effect of varying the rod-clearance on switching time
for various suppiy pressures. The solid lines in the figure are merely
straight lines drawn through the experimental data. Variation of rod-

clearance and supply pressure between 400 and 1200 Psi caused variations

in switching time between 5 and 20 ms.

T.3.3 Frequency response

-

‘The frequency response of the control system is the amplitude ratio and
phase shift of the output relative to the input as a function of frequency.
The procedure used to measure the frequency response is to apply a
sinusoidal input and record the output of the system in response to the

sinusoidal input. The input amplitude used is large enough to minimise the
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non-linearity distortions of threshold and hysteresis on the output and
swall enough to avoid saturation of the control system elements within the
frequency of‘interest. The ratio of the output amplitude to the input
amplitude and the output angle relative to the input is plotted as a -~

function of the input frequency.

Fig. 7.27 is a frequency response plot for the control system in,closed;
loop with an iﬁput command of.:10% of the full scale input. The response
shows a_pﬁase lag of 90 degrees at 25 rad/sec (4.0 Hz). The solid lines in
the figure are the theoretical curve fittings of.the‘experimental frequency
response data. The theoretical transfer functioﬁ of the contol system is
treated in Section 6.5 of Chapter 6. The theoretical curves were obtained
from a computer program develofed by Usman [68] for the calculations of
empirical formulae generated by Zaman and Griffin [69] for determining the
frequency response from @ransfer function data of any order. Zaman and
Griffin developed the empirical formulae using Levy [70] and.Sanathanan et

el [71] methods.

7.3.4 ~ ‘Transient response

Fig. 7.28 shows the transient response of the pre-production valve-egqual
area cylinder combination in closed-loop position control with system

pressure of 35 bar and amplifier gain of 2. The results are summarised in

Table 7.2.
Table 7.2 Results of transient response
Extending jack Retracting jack
Settling time (sec) 0.96 0.73
Rise time (sec) 0.40 0.40
Damping ratio 0.40 0.53
Natural frequency (rad/s) 10.40 10.30
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From Table 7.2 it can be seen that the damping ratio in extending
conditions was smaller than that obtéined from the retracting situations.
The difference in the transient responses for both the retracting and -
extending jack conditions of the system could be due to the unequal volumes
on both sides of the actuator used. This.arose from the unequal load
pipelines length. The two supply nozzle land diameters were not identical
but of diametérs‘3.20 mm and 3.52 mm respectively. This difference in
supply nozzle land diameter may also have contributed to the discrepancies
in the transient response results. However, the characteristics of the

actuator dominated the dynamic response of the overall system.

T.4 Possible areas of valve applications

Double-disc valves can be used directly as single-stage proportional
devices in closed loop control systems. However, as their performance is
not as good as electro-hydraulic servo-valves owing to lower valve
stiffness and significant load flow losses, they will probably find most
application in low~cost systems‘where these deficiencies are minimised. Two

such applications are now briefly presented:

(a) ' Swashplate angle control

The force requirementé for actuating the swashplate of a variable delivery
pump are fairly modest so that the stiffness characteristics of a double-

disc valve make it suitable for this type of application.

Figure 7.29 shows a schematic of an electro-hydraulic double-disc valve
- operated swashplate linkage. From the figure, the input signal to the disc
amplifier is the desired or demand swashplate angle. When the demand angle
is changed, the valve receives an electrical signal froﬁ the amplifier,

which is proportional to the error between the input signal to the system
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énd the voltage from the angular feedback transducer representing the
:'sgéshplate position. This error signél shifts the valve discs and thereby
pﬁrting fluid to the stroking pistons.which rotates the pump swashplate.
The swashplate provides an electrical feedback through an angular °
1transducer that monitors the rotation of the connecting link B about point
A which is linked to the swashplate via a drag link. This motion corfects
‘fhé valve disc displacement, blocks the flow of‘control fluid to the
control pistons and stops the swashplate'at the position commanded by the
_igput signal. The system remains in this position until the input signals

is given a new command.

(p) ' Double-disc valve as a pilot device

When large fluid flow rates are required it is usually necessary to use two .
stages in the control valve arrangement. This is necessary to maintain a
satisfactory response at high flow rates. Loss of response in single stage
- valves at large flow rates, is due. to high disc or spool inertia and large
flow forces, resulting in thé need for a large electro-ﬁagnetic coil.

Feedback loop are often provided at each stage, making them more flexible.

A proposed arrgngement with an equal area ram is sketched in Figure T7.30.
It has a pilot double-disc valve, having an electrical feedback path to a
disc valve amplifief (PWM). The output from the amplifier actuates the
éléctro-mégnetic coils of the pilot valve. The electro-magnetic coils
éontrol the positions of the discs in the pilot valve chambers. The
Aofement of the pilot valve discs varies the differential pressure acting
- on the enés of the spool valve. This is clearly more effective for dealing
_ﬁitﬁ large forces. The output flowrate from the spool valve drives the

‘piston, which is also provided with a feedback loop.
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| Tedel Double-disc valve as a >-way valve

The double-disc valve may be used as a 3-way valve with only one load port
active. That is, with supply S, drain D, and one load port, L1. It also has
two electrical coils which can be designated C:‘l and C2. The valve can be )
drawn schematically as shown in the sketch. However, the two discs do not

necessarily have the same diameter and flow characteristics.

ci “D c2

S 20 30 20 200 X 5 00 20200 30 | S
= . =Y

1w

" Representing a coil switched on by 1 and switched off by O the various

combinations of coil activation can be shown in a table

. C1 c2 L1
0 0 S/D
1 o |
0 1 S
1 1 | - i:ossible but does not provide any extra function.
PWM “PWM - PROP

where PWM represents pulse-width-modulation to provide propértional (PROP)
action. 'I;his valve can be used as a simple on-off switch in a hydraulic
line or can provide proportional flow control. Howlever, in general, to
control a cylinder two load ports are required so that two 3-way valves are

required for this purpose.

For convenience the two valves can be drawn as follows
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and the configuration table is now much larger csausing more valve

connection possibilities.

C1 c2 c3 c4 L1 L2
1] o o 0 0 S/D S/D
2 | 1 0 1 0 s D
3] 0 1 0 1 D s
41 1 0 0 1 s S
5 o 1 1 0 D D
6| 1 0 0 0 S S/D
7] o0 1 0 0 D S/D
8| o 0 0 1 S/D S
9| o 0 1 0 s/p, b
10 PWM  PWM - PWM PWM PROP “PROP

A1l 'combinations involving 3 or 4 coils are probably impossible to operate.
' Of the combinations listed 6-9 are not useful thus leaving the following

useful valves all which can be remotely electrically selected.
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WAL X 71 ‘ Combination

6 u : | 1, 2 and 3

2, d

——?)_xi)_ 3 and 4

1 | /] S 2, 3 and 5
I | ¢

“oun
By a suitable choice of coil activation a power c‘ylinder may be controlled '
by two 3-way valves to give :-
‘(a) Rapid or proportional-contvrol- in either direction
(b) open centre in mid-position
(¢) pressurised load ports in mid-position

(d) vented load ports in mid-position.

This Cﬁapter has described the results of —experiments conducited with the
doubie-disc valves _'in position control configuration with two differenf.
cylinders. Some 'possible areas of application have been outlineds The next
Chapter will present the main conclusions reached in this stugly and

recommendations for future work are also given.
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Fig. 7*12 Prototype double-disc valve-equal area cylinder rig.
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Fig. 1.22 Pre-production valve-equal area cylinder rig.
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8 Conclusions and Recommendations

8.1 Conclusions

The increasing demand for cheap, simply constructed and reliable electro-
' hydraulic valves in the hydraulic industry has led to this work. Available
in the market at present are servo-valves and both switching and
proportional solenoid operated directional valves. Servo-valves are highly
developed and sophisticated but they are very expensive because of the
precision machining of components and are highly senéitive‘to contamination
as a result of close tolerances. The directional valves do not meet the
aynamic specifications of induétry Secause of high inertia, hysteresis;
stiction, and the relative high power required to operate these valves.
The‘present work is aimed at eliminating many of these disadvantages and
.the concept of a floating disc valve with no sliding surfaces has evolved.
The concept of floating disc devices were originally ﬁsed in pneumatic
valves in a different context gnd its use in hydraulic valves is a novel
idea. A magnetic/circuit with a better flux density than a conventional
solenoid operated valve is seen as an advantage if correctly designed into.

a fluid valve.

One of the ﬁain objectives of the present research is to deveiop two
versions of a nével disc type electro-hydraulic valve to the stage where
they can be used tb-control hydraulic cylinders. Such val#e-cylinder
combinations can be‘uséd for low-cost manipulators in the robotics and
programmable automation fields. The‘valve can also be geared towards ﬁobile
plant and remote control applications. As a result of its simplicity in
construction, the disc type valve is aimed to fill the gap between the
highly sophisticated serVo—val#e and the normal digital on/off or

directional valve.

A. Usman AUGUST 1984
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There are two versions of éhe valve that héve‘been-investigated in this
thesis base& on single- and double-disc configuratibns.The single-disc
valve has no inherent facility for closing off supply fl§w in the switched
s%ate with a corresponding loss of power. To limit the quiescent power loss
it has small suppiy port restrictors thereby giving potential problem with;J
contamination. However, the two disc arrangement does not have these

limitations and the present research has been concentrated onithis
arrangement. Cavitation was experienced with initial tests carried oﬁt with
the test valve model but ﬁas found to be minimised by -either increasing the
back pressure of the sysfem:or decreasing the supply pressure. Decreasiqg
the supply nozzle land diameter to supply nozzle diameter ratio to a value

less than 1.2 also reduces the incipient of cavitation.

A flow-force rig has been constructed to determine the complex fluid forces
acting on a single disc. The rig has the facility forvallowing radial flow
across the‘disc faces in bofh directions to simulate flbw into and out of
the load port into the drain éonnections.Theofetical predictions agree
with fluid force data for a single disc thus allowing the theoretical model
to be used with some confidence for determining suitable values for the
main geometric variables of the double-disc valve. Empirical discharge
coefficients were obtained from the tests carried out with a single disc in
a floating disc chamber and were.found to varvaitﬁ the system pressure,
Reynolds number and disc displacement. The empirical discharge coefficients
were used in the theoretical steady-state fluid characteristics of the

valve.

A computer-aided steady-state theoretical design package has been developed
using several subroutines to display the data graphically and also make the
package interactive with a graphic terminal. The package also allows any of

the main parameters governing the valve performance to be varied

A. Usman ' , AUGUST 1984
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independently.

The theoretical steadyéstéﬁe fluid model for the valve has shown that the
ratié of fﬁe drain nozzle area to that of the supply nozzlerinfluences the
fluid quées acting on a single-disc in its chamber. For best stable
character@stics of the»val#é near null position, the model suggests equal
afeas for the drain and supply nozzles. A disc-to-supply nozzle diameter
ratié greafer than 10 should be used for proportional valve operation, and
a diameter ratio less than 10 for a switcﬁgng action as the nét fluid force
gradient iﬁcreases with diameter ratio. The best compromise between the

null gradient and force level is achieved for total disc travel equal to 20

per cent of supply. nozzle diameter.

For both switcﬁing and proportional operations of 31 mm dia. valve, the
best compromise value of sﬁpply hoiding gap is 0.13 mm. With a suitable
choice of su;ply holding gap the fluid forces can almost be reduced to
zero. The model requires the drain holding gap fO'be greater than thé sum
~of the total disc travel and the supply nozzle holding gap. The result
-suggests that for pfoportional valve operation, the drain nozzle holding

"gap must be at least equal to 0.51 mm and less than 0.25 mm for switching

~operation to achieve best results.

.In>g double-disc valve with zero rod-clearance, the net fluid and mégnetié
forces aré hegative for zero disc displacement and the disc will not 1lift
'from'its.supply nozzle seat. For proportional operation of the valve, the
discs and‘}od assembly aré not to be operated within the small region where
the net. fluid and magnetic forces is negative. For this reason, a rod
lené;h.isiﬁéed with a clearance which is equal to twice the distance
" between ‘the supply nozzle tip and fhe position where the net fluid and

magnetic forces cease to be negative. For the particular valve under
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discussion, the best rod clearance is about 25 per cent of the total disc

travel.

When the valve is operated in'propqrtional mode, the électro-magnetic coils
receive a differentiél current from the PWM amplifier. The discs and rod
assembly then adopt a position where the net fluid forces balance that of
-the magnetic forces acting on the discs. For‘a given differential current,
the magnetic forces acting on the discs rémain constant with oil
temperature whilé the fluid forces vary. This must mean that the valve is
always viscosity—temﬁerature dependent which is a major disadvantage. The
slope of differential coil current versus'Aiscs and rod assembly position
reduces with increase in oil tempefature. This implies that the valve must

always be designed for the worst case (i.e maximum operating temperature).

For best stable characteristics of the valve near null position, fhe model
suggests that the valve must not be scaled-up more than 3.0 and thatllinear
scalihg or geometrical scaling should be. done with care as thervalve
general‘performanceldepends on many parameters which may. be inter-related.
"The model has also sh;wn that.the‘valve flowrate may be increased by

increasing any one of the following valve parameters: total disc travel,

supply nozzle diameter, supply pressure, and valve scaling.

Tests, using the same flow-force Fig, has been made regarding the electro-
mégnefic force inducéd in the disc for various current levels in the coil
and also for the fprce variation with distance of the disc from the coil
face. Theoretical predic£ions agree well with the electro—magﬁetié'force
data. Two types of discs were used in the experiments. They were discs with
énd without stops on them. The experimental results show that disc with
stops exhibit more non-linearity than the corresponding disc without stops.

Discs without stops are cheaper and easier to fabricate and are preferred

for the better electro-magnetic characteristics. The effect of varying the
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floating disc (armature) thickness on the electro—mégnetic force-stroke
characteristics was investigated experimenfally, and an empirical formulae
were developed which would be useful for rapid valve design calculations.
Thcse empirical formulae agree very well with the experimental data and
"show that reasonable magnetic force could be obtained with a.disc thickness
as low as 2.5 mm. The low incrtia of thin discs improves the dynamic

performance of the valve.

; A pre-production version of the double-disc valve incorporating ideas for
manufacturing cost reduction has been designed in cartridge form to ISO and
CETOP‘standards. From an economic point of view, ease of manufacture is an
iﬁportant factor in the design, because cost inevitably plays an important
role in the acceptance of a new valve for general usé. Most of the parts
are made with wide tolerances which enhances the inter-changeability of the
cartridge components. A major advantage is the'potential higﬁ reliability -
of operation due to the small number of moving parts without sliding
surfaces. The valve is suitable for manufacture by CNC machining as it

involves only grinding and turning operations.

The pre-pfoduction valve may be scaled up to provide larger flows than the
present flow capacity of 18 litre/min as a single stage valve. The
disadvantage is the high quiescent hydraulic power losses when operated
with pulse-width—modclation to provide proportional control.‘In switching
applications of the valvé, there is no quicscent flow losses. For pilot
Operaticn, the valve may be Sﬁaled down to limit the flcw capacify and
quiescent flow losses and this may be a more attractive possibility. In the
valve design, standard '0' seals are necessary to prevent both internal and
external oil leakages at moderate cost. In view of this, the 1imit of the
valve size as a pilot device is dictated by the availability‘of the '0'

seals sizes. Another limiting factor is the size of the electro-magnetic
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coile The coil consists of the magnetic iron core, brass or pléstic bobbin
and‘the central hole to take up the supply nozzle tube. For a given working
pressure, there is a corresponding cross-sectional area of the magnetic
iron core and the ampere-turns of the electro-magnetic coil that will give
a satisfactory  valve performanée. With the present state of coil

technology, the coil size could be reduced from the present 27 mm outside

diameter to 13.5 mm without too much difficulty.

A‘four-level switching amplifier consisting of operational amplifiers,
timers and power transistor output has been constructed to control the
valve in the switching mode of operation. The amplifier incorporates the
established technique of overdriving the coil with a large amplitude pulse
at the commenéemént of switching. The holding voltage provides enough‘
elecfro-magnetic force to hold the'disc on the supply nozzle seat after
switching is completed. Usihg this amplifier without overdriving the
electromagnetic Qoils, a switching time of 10 ms has been achie&ed for a
préssure‘drop of 70 bar across the pre-productioh valve. Variation of the
supply pressure between 40 and 100 bar with suitable adjusted to the rod-
clearance causes variations in switching time between 5 and 20 ms.
Switching times can be further reduéed by using thinner discs and shorter

disc travel.

Both analogue and digital pulse-width-modulation (PWM) amplifiers have beeﬁ
constructed for use with the valve in proportional control mode with no
overdriving of the coil. Using the digital PWM, the valﬁe can be controlled
by a microprocessor'fbr rem§te control applications. A computer program has
been written in INTEL 8080 language on the University of Surrey Prime
computer system to control the digital PWM amplifier and a CP/M based
computer has been used to.drive the digital PWM amplifier. Under PQM mode

with a carrier frequency of 2.2 KHz, it has been shown that dimensions are
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not critical and wear problemAcan be reduced dramatically as the discs are
not switched fully from nozzle to nozzle. This consequently improves the

contamination insensitivity of the valve.

Intensive tests have been conducted with the prototype double-disc valve
controlling a long stroke unequal area cylinder similar to types used in
robot arms. Bofh switching and propoftionalfmodes of operation have been ’
demonstrated in open and closed loop position control modes. An attempt has
been madeyto use the prototype valve with an equal area cylinder but the
positioning is not very good és the valve requires a large differential
current to operate the valve discs. This could be due to the'uhsymmetrical

nature of the disc chambers.

The pre-productién‘valve has been tested with a short-stroke equal area
cylinder in closed-loop position control under conditions of constant low
yload using pulse-width-modulation. Experimental resuits show that good
linearity and low drift may be achieved over a raﬁge of operating
temperatures, pressures and load conditions using moderatg»loop*gains. From
the intensive te;ts with the system, it has been establishéd that the rod
dimensions piay an important role in the valve characteristics, for a given
disc chamber geometry. Two different thickness of discs have been used in
the tests and it has been found that the thinner one gave a better control
resolution. This is ﬂecause the thinner discs are operated farther avway
from their respective electro-magnetic coil surfaces in a regionvwhere both
the magnetic and fluid forces are fairly 1linear. From this.data,
appliéations such as a remotely operated directional valve, a variable
delivery pump control and a cheap robot position control can be designed.
The valve also has potential appli;ations in (1) mobile earth moving
equipment, (2) machine tool industry, (3) aircraft industry, (4) power

steering in automotive industry, (5) pressure control devices, (6) flow
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control devices, (7) Vibrators and (8) the programmable automation field.

It has been established that there are significantly fewer critical
dimensiohs within the valve than for é comparable electro-hydraulic servo-
valve so that manufécturipg costs should be low. Also design criteria has
been formulated to provide a valve with acceptable performance for either
swifching or proportional mode dperation using the same overall bo&y
configuration. This can be achieved by a suitable selection of disc

thickness and centre rod dimensions at minimal cost.

‘The double-disc vaive is deficient in the following ways: (a) too much
leakage when used in the proportional mode, (b) low hydraulic stiffness,
(¢) for proportional control it requires careful’matching of electfo-
magnetic and fluid forces to get disc balancing at different displacements,

and (d) fluid forces seem to be very dependent on oil temperature.

Some possible advantages of the double-disc valve dver the conventional
electro-hydréulic valve are: (a) fast switching action, (b) relatively
contamination insensitive,r(c) potential used with non-lubricating liquids,
(d) complex valve actions can be obtained #ith remoﬁe elecfriéal operation,
(e) cﬁeapness, and (f) may be easily configured 1;,0 operate as a switching

or proportional valve.

8.2 Recommendations for future work

1. Future work should éxplore the possibility of a low-cost integréted
valve-cylinder-position feedback assembly for robotic systems given that
there is a need for very ihexpensive units.

2. The main disadvantage of the present valve is its high Ieakage flow
under pulse-width-modulétién proportional mode. This can be improved by

redesigning the valve-centrg-section. At present, the two drain orifices

A. Usman ST AUGUST 1984



Conclusions and Recommendations - 208

are active any time the valve is operated proportionally with the leakage
flow being highest in thé neutral position. This can be modified by
changing the push-rod design to a spool-type having a land at either end of
_the spooi‘which ensure that only one drain orifice is active at any time.
At the neutral position there will be no leakage flow as the two drain
orifices are shut by the spool lands. The flow characteristics of the
proposed modified valve‘ﬁill compare more favourably with the ser;Q-valve-
Also the valve speed of response will be increased and the rod clearance of
the presént design will no longer be a critical dimension.

3« The present electro-magnetic coil design could be modified to be used in
directly operating commercial spool type valves. The relative high force
obtainable from this type of coil makes it more attractive than the preéent
proportional solenoid in the market provided a larger diameter spool with
shorter stroke is used to achieve the same flow capacity.

4. The double-disc valve may be used as a 3-way valve with only one load
port active. That is, with supply S, drain D, and one load port Li. It also
has two electrical coils which can be designated Cf and C2. However, the
two discs do notknecessarily have to have the same diameter énd floﬁ_
characteristiéS.This valve could be used on a’simple on-off switch in a
hydraulic line or could provide proportional flow control. Howeve;, in
general, to éontrol a cylinder two load ports are required so that two 3-
way valves are required for this purpose. By a suitable choice of cdil
activation a power cylinder could be controlled by two 3-way disc valves to
give:- (a) rapid or proportional control in either direction; (b) open
centre in mid-position; (c) pressurised load ports in mid-position; (d)
vented load ports in mid-position; The valve coils could be remotely

electrically selected and thus open the way for microprocessor control

applications.
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Al: Design equations for a flat-faced electro-magnetic coil

"For illustrating the symbols used in this appendix and a practical
.mechanical form of construction, a2 typical fiat-féced armature type
electro-mégnetic coil is shown in Fig. Al.1. The following equations are
required to determine the size of the coil:'

(a) Porce eguation

~ The force equation is given by
2 | |
F _Jg he (A1.1)
m'— . .
Hg

where Bg is the flux density in the working gap and Ac is the area of the

- working gap.

(b) Magnetic force equation

-The exciting magnetomotive force NI; which provide flux required for the
given force-stroke, is determined by the magnetic circuit equation for the

electro-magnetic coil. This equation is given by

2 B_x ; .
NI = —8_ 8 4 sy, 1. (A1.2)

1 1
Mg

where the first term represents the magnetomotive forée necessary to
establish the flux at a density of Bg across a‘working gap of length Xg,
and the second term- represents the magnetomotive force necessary to

establish the flux in the iron parts of the circuit.

(¢) Coil resistance

The coil resistance R, is given by
Re = 4 po(ryy + er)N/dg | (a1.3)
where ryy, + rpy is the mean diameter of a turn on the coil winding, d, the

bare wire diameter, and p, the volume resistivity of the copper'wire.f
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(d) Voltage equation

The assigned coil voltage, E is given by
E = IR, (A1.4)

(e) Coil space factor

The coil space factor fg is given by
fs L= 'ﬁ'dﬁN/(“rhw(er-rw)) (A1 .5)

The space factor of bobbin-wound coils are governed by the following
inequality:

0.4 < £g < 0.6

(f) Heating equatiom
To keep the temperaturé rise within‘a given‘limit, the coil must have a
sectional area and heat conducting éurface.}The energy'dissipation és heat
in the eléctfo-magnetic coil is given by

pe  |WI ] 2 |

2kf (rpp-r1p) | Myy

where O¢ is the final temperature rise of the coil, k the heat-dissipation
- coefficient,‘fs the space factor, rpp = ryy the gross coil wall thickness,
and hyy the gross coil depth.
For weight economy the following inequality holds:
hp ’
3 — 4 . (A1.7)
T2p ~ Tip

For a safe design, thé cross-sectional areas of the yoke, the armature, the

~ inner pole core and thé outer pore core must be equal to effect uniform
flux throughout the magnetic path. That is

3, - 18, = 19, - Tay = (rpp * Typ)t, = (rpp + Typ)ty (A1.8)

For a given flux deﬂsity of the magnetic material and the required magnetic

force, the cross-sectional area of each of the wofking faces or gaps may be

estimated from equation (A1.1). Knowing the area, rip can be estimated as

is equal to the outside radius of the supply nozzle used in the disc

\

I‘op
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valve to allow o0il flow through the valve. The following constants can be

substituted in equation (A1.6):

2.1971 X 10™8 ohm-metre at 90°C for copper wire

‘pe =
k = 11.78 watt/m? 9C for a temperature rise of T70°C
fg = 0.5, assumed

Dimensional constraints

The pre-production valve had a coil leakage problem as with the prototype

valve. About drawiné no. CDL3-1/1 in Chaptern2, it can be seen that the

cOil leakage can occur at five different positions. These positions’are:

(1) Through the supply line and is checked with 'O' seal no. 17001.

(2). Through the outside diameter of the supplybnozzle tube.

(3) Through the interface between the coil spool and the magnetic inner
pole core. ‘

(4) Through the interfacevbetween the coil spool and the magnetic outer
pole core.

' (5) Through the outside of the magnetic outer pole core and is:checked by

an '0' seal no. 17030.

To prevent coil leakage, enough radial clearance must be provided.between
the coil spool and the magnetic core to have enough space to accommodate
alradite fér sealing purposés. The pre-production valve»and the prototype
valve have coils with only about 0.03 mm radial clearance between coil
spool and the magnetic inner pole core. Clearly this clearance is small and
there is no alradite in the market now that have a low viscosity to effect
sealing. The minimum clearance that any of the available commercial

alradite can be used to seal is 0.5 mm.

The gross winding depth T2p ~T1p will include besides the thickness of the

winding itself:
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(1) the thickness of tﬁe bobbin tube = ryy-reop > 0.51 mm;
(2) the insulation between bobbin and the coil, consisting of two or more
layers of alradite, according to the voltage, Tob~Tip > 0.38 mmj
(3) the insulation outside of the coil, consist;ng of two or more layer of
alradite and a protecting layer of tape'rzp-er > 0.76 mm;
(4) an allowance of about 0.25 mm between the insuiated coil and the
outside iron for irregularities in winding.
-Total allowance ='1.91 mm = Tpp =Typ e The number of coil layers is given
by
Ny, = (rop-rip-2d,)/d, | | (a1.9)
Two layers are léft in equation (A1.9) to enable the coil winding to be
~bound with any thin sticky tape of thickness less than d,. It also provide
space. for coil sealing against leakage. The number of léyers N7, should be a
‘whole numbér and so, if small;,er may slightly be changed to get whole
number of layers. The number of layers must be an‘éven number so that the
beginning and ending of the winding will be at the’same’end‘of the coil, as
)

this facilitates the mechanical problem of bringing the leads to the coil

through the surrounding magnetic irog case.

Besides the insulated wire, the axial length h1p includes:

(1) the thickness of two flanges of the bobbin, each having about the same
thickness as the -brass tube = hop=hyyp 2 1.52 mm;

(2) three or more thickness of alradite = hp-th > 0.38 mm;

(3) an ailowance of about 0.25 mm total for imperfect fit of bobbin in the
iron shell.

Total allowances = 2.15 mm = h1p‘h1b' The number of turns per layer is

given by
¥p, = (hyp-de)/dg - . (A1.10)

An allowance of 1 turn per layer is provided in equation (A1.10) for space
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lost at the ends. The total number of coil turns N is given by Ny Npp.

e

L
L L L

fp

e
rzp

’J‘BP

Magnetic Core : Armature

L
L
Cross section ‘ Brass Bobbin
of winding
bare wire
diameter d

Fig. A1.1 Cross-section through a flat-faced armature type electro-magnetic
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A2: FOUR-LEVEL SWITCHING AMPLIFIER

In electro—mechanicél soleqpid systems; two current levels are required to
operate the system efficiently. First, when the armature of the solenoid
system is moved, it reqﬁires.ﬁigh power to obtain fast respon?e. Sgcondary,
in a stationary posifion, 1tﬁe armature can be held against static forces

with low power.

A unidirectional solenoid'(Single coil) system can be operated by a two-
level switching amplifier, whereas a bidirectional (dual coil) system
requires a four-level switching amplifiér. The four-level are maximum
positive  current leQel, fminimum‘ positive .current 1level and two

corresponding levels that are délayed by half the input signal period.

The switching amplifier to be described here has &a monostable pulse
generator, bistable and power ampiifier circuits. The block diagram énd

voltage waveforms of the switching amplifier is shown ip figure A2.1. A
bipolar square wave input operate the amplifier. The amplifier 1is
constructed so that half the circuit édmit the pésitive gqing input éignal

~ when the other half édmit the negative going signal.

A2~1 Monostable circuit

This circuit has two '555 timer' ICS. The '555 timer' is designed to give a
nonostable timing  action, and acts as a pulse generator. The timer can
generate pulses with periods'}anging from 5 microseconds to several hundred

seconds, and can be triggered at frequencies up to 100KHz [72].

The pulée timing periods are independent of supply-rail voltage and thermal
“variations. The electronic circuit for the monostable pulse-generator is
shown in Fig. A2.2. The IC1 in Fige A2.2 is used as a Schmitt trigger,

which converts any input waveform into a rectangular output waveform. This
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waveform is converted into a form suitable for triggering the IC2Y
monostable via C2 and R2. The peak-to-peak amplitude of the initial input
waveform must bé greater than 1/2Vcc. The pulse periods of the circuit are
fully variable via C1 and R1 and the output pulse amplitnde is fully

variable via R3.

A2-2 .. Bistable signal generator:

A diode and an operational amplifier are used to generate a bistable signal
which is compatible with the square wave input signai. Fig. A2.3 shows two
types of bistable Signal generators. In Fig. A2.3a, the diode prevents the
output voltage from going negative and this éignal is inverted through an
operatioﬁal amplifier to obtain the negative bistable signal. In a similar
manner, Fig. A2.3Db geherates a positive bistable signal. With this
arrangement, half the period of the input square wave switches one
monostable to prodﬁce‘a positive going output sighal. The other half period.

of the square wave generates a similar negative going output signal.

A2-3 Power stage amplifier

The power —stage incorporates two opérational amplifier -and +two  NPN
transistors (Qf,Q2).‘ they are arranged in push-pull mode (see Fig. A2.4).
This arrangement - allows the use of two separate coils - in . the circuit.
Because no even harmonics are present in the output of a push-pull
amplifier, this circuit will give more outpﬁt per active for a gifen amount
of distortion. For the same reason, ' a push-pull arrangement obtain less

distortion for a given power output per transistor.

With the arrangement of the preceding circuits, the positive going input
signal drives one transistor when the negative going signal drives the
other +transistor. The Zener diodes, ZD1 and ZD2, are placed across the

coils to protect the transistors from the coils stored energy effects.
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Excessive current will flow through the Zener diodes whenever the coil
induced voltage level exceeds the Zener breakdown voltage.

For analysis purpose, one side of the power amplifier shown in Fig. A2.5

would be considered. From this figure the following equations can be

derived:
Ib = IS - If ) ' (A2-1)
Ic = Ie . (A2-2)

B = Ip/Ty = Ip/Ty | o (42-3)
Iy = Vyu/Ry : -~ (A2-4)
The transfer gain A is defined by:

A = I,/Iy = heg | - (a2-5)
The feedback gain is given by:‘

Ap = I,/I5 = A/(1+BA) | | (A2-6)
' Equation (A2-4) shows that the bperational amplifier, 741, output voltage
Vbi resulté in ﬁ proportional transistof baseAcurrent Iy. With the common-
emitter configuration of Fig. A2.4 or Fig. -A2.5, its output function acts
’as a current amplifier. For a purely resistive collector 1load, a step
change in base current I, will result in a step change in collector current
I,
The effects of the feedback are:

. (a) To improve the stability of the amplifier. (b) If the feedback network
does not contain reactive elements, the complete gain is not a function of
frequency. Under these éircumstances a large reduction in frequency and
phase distortion is obtained. (c) Non-linear distortion is reduced. (d)

Noise is reduced. (e) System bandwidth increases. (f) To  improve

characteristics of current amplifier.
- These electronic circuits are combined as a four-level switching amplifier
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shown in Fig. A2.6.
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Fig. A2.1 Block diagram and voltage waveform of a switching amplifier.
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A3: ANALOGUE PULSE~WIDTH~MODULATOR

A3-1 Design épproach

The analogue Pulse-Width-Modulator (PWM) in Fig. A3.1 is made up of three
sections, these being an inverting operational amplifier (IC1), a summing

operational amplifier (IC2) and a differential voltage comparator switch

(1¢3).

The inverting operational amplifier network, which is built round ICH,
comprises R4-R5 and is driven from a variable potential divider R1-R2-R3,

that is wired between the positive and negative voltage supply lines.

The summing operafionallamplifier,(ICZ),'sum-the output of IC1 and the
feedback from the system under investigation (i.e. position servo system
whose output is conveftéd to voltage via a potentiometer‘arrangement). The
output of IC2 is an error signal. in other words, IC1 and IC2 form a

summing junction of a control system whose output is an error signal.

The IC3 is wired as a simple voltage comparator, and has one input applied

- from the output of IC2 via resistor R11. The operational amplifier IC3

- . switches into positive or negative saturation each time the triangle

waveform amplitude goes more than a few millivolts below or above the

reference voltage set via R2 and the feedback voltage.

By adjusting the reference voltage, therefore, the operational amplifier
(1€3) can be made to change state at any point on the triangle waveform and
a variable mark/spacé ratio rectangular wave is thus available at the
output of the operational amplifier (IC3). The amplitude of the output is
adjusted via R13. The frequency of the output waveform is that of the

triangular frequency.
This analogue PWHM provides useful rectangular waveforms up to & maximum
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frequency of about 10 KHz. Operation beyond this range is poor, because of
the slew rate limitations of the 741 operational amplifier.

A3-2 Parts list

Table A3.1 shows the components value.

Table A3.1
Component Circuit | Value
Function . Reference
R2 - 10K
Mark/space R1 10K
ratio : R3 10K
R4 10K
R7 10K
Input R8 ' 10K
resistors E R11 . 10K
: R12 10K
R14 10K
- Peedback : RS ' 10K
resistors : * R10 10K
Output R13 ' 10K
resistor '
Earthing R6 : 4K7
resistors - R9 : 4k7
operational IC1 T4
amplifiers IC2 ; T41
, ICs 141
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«15Vdc

Sine/step Feedback Trianqular
p wave input

R1Z 4

-15Vd¢

Flg. A3.1 An electronic circuit diagram of an analogue pulse-width-
modulator ampllfler.
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Ad: PRINCIPLE OF PULSE-WIDTH-MODULATION TECHRIQUE

Figure A4.1 shows a method by which a regular signal e(t) shown in Figure
- Ad4.2a is transformed to a pulse train. The pul;e train M(t) having a given
magnitude (amplitude) Vp~is shown in Figure A4.2b. 1In Figure A4.1, a
~ triangular wave (sawtooth waveform) rg(t) with amplitude Vg and period Tg
is generated. The comparator compared the triangular wave with the inpuf
signal. Its output is Vp or -Vp according to whether the input is positive
or negative. The amplitude of the triangular wave Vg should at any_time be
at least as lérge as the magnitude |e(t)] of the input signal e(t).
Otherwise the output of the comparator is not a pulse train. On thé other
hand, the periods Ts of the triangular wave should be short enough so that
the sighal M(t) is nearly a constant during each period and can be
approximated by a staircase function. The width of each step of this
function is the period Ts of the triangular wave. It appears from the block
diagram of the sigﬁal modulator, shown in Figure A4.1, that a regular

signal e(t) is modulated to obtain a pulse train M(t) with‘amplitude Vp.

- The following relations could be obtained for !e(t)! S_VS.

e(nTg + tny) = rg(nTg + tyq) = (-Vg + 2Vst#1/Ts) i(A4.1)
tht * 2 = Tg | (A4.é)
nT, < t < nTg + t;1; M(t) = -V, (A4.3)
nTg + t5q < t < (o+1)Tg; m(t) = v, (ad.4)

where n is non-negative integer.

The time average Am of the modulated signal M(t) for the period from

t = nTg to t = (n+1)Tg is
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(n+1)Tg4
1 ‘ 'p
Ap == | M(t) dat = =T (t5 - tpy) | (A4.5)
TS TS
nTg

If Q S_t S_Ts, we have

e(nTg + t) = e(nTg + tyq) =

(n+1)1g
Ay =1 | e(t) at |  (a4.6)
T |
nTg '

where Ai is the time average of e(t) for the period from t = nﬁs to
t = (o*1)Tg.
From equations (A4.1), (A4.2) and (A4.6) we have

T

| 1, |
tnl T tha T - Ay (44.7)

Vs

From equation (A4.7), it can be seen that when A; = 0, we have

tnt T tp2
The following equation could be obtained by substitufing equation (A4.7)
into (A4.5)

o . :
Ap = =74y : (A4.8)

Vg
Hence the time average A, of the modulated signal for a period Ty is
proportional to the magnitude of the original signal in the corresponding

period.

This method of signal modulation is called pulse-width-modulation (PWI).
This approach is generally used in communication to improve the "signal to
noise ratio”. In this present work, the PWM technique is used to convert a

switching double disc valve into a proportional device.

A. Usman ’  AUGUST 1984



Appendix A4 ) 251

Although the period T4 of this wave is short enough, the choice of the
amplitude of the triangular wave is defined to be improper when
Vg < le(8)] = 1a41.

From Figure A4.2, when e(t) = A5 > Vg;

tyg = Tgs tgp = 0, M(t) = -V » (44.9)

ni P

and when e(t) = A; < - Vg;

tyy = 0, tpp = T, M(%) = Vg (A4.10)
When this technique is applied, it must be borne in mind that the method

has a saturation limits at Ai = I.Vs‘

-

The major assumptions made in applying the PWM technique are: (a) the non-
linearity is not a function of time, (Db) fhe input pulse signal is not
‘distorted4in its width in the time domain and (c)'the magnitude of the
pulse is constant and is not distorted in magnitude by passing through the

time independent non-linearity of the system.

When applying PWM technique to a closed-loop system; attention should be
paid not ohly to the time rate of change of the input but to the baﬁdwidth
of the linear element in choosing the period Ty, and the magnitude Vg of the
triangular wave. Thus the amplitude at any time be at least as large as the
absolute value of the signal coming into the non-linear element. The period
Ts of the triangular wave should be short enough so that ‘the signal coming
‘into the non-linear element is nearly a constant during each period of the

triangular wave.
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A

A5: DISC VALVE AMPLIFIER

A5-1 Introduction

The electronic control of a double-disc valve fequires a switching

amplifier and a simple pulse-width-modulator (PWM) to effect both switching

and proportional control. The PWM generates pulses that drive tﬁe switching

amplifier. The‘ouput transistor power stage of the switching amplifier

provides the necessary current to the electro-magnetic coils of the valve.

Initially, the Four-level switching amplifier described in Appendix A2 was

used with the_analogue PWM described in Appendix A3. This arrangement had

the following disadvantages:

(a) Two power supplies were required to drive the electronic amplifiers
because of current limitation.

(b) As a result of (a) there was earth problem and cross-over distortions.

(c) The add-on pulses or the overdrive principle associated with the Four-
level switching amplifier has an adverse effect on the proportionality
of the valve.

(d) External wavefornm generator was reéuired to provide the necessary

sawtooth waveform required for the pulse-width~modulation action.

The aim of yhe disc valve amplifier is to eliminate the above
disadvantages. The disc valve amplifier incorporates both the analogue PWHM
and the switching amplifier. It uses only one power supply and has a built-
in sawtooth waveform generator. The add-on pulses of thé Four-level

switching amplifier had been removed in this disc valve amplifier.

‘The disc valve amplifier has a manual controller, auto controller, feedback
amplifier, waveform generator, comparator and a switching amplifier. Fig.’

AS.1 shows the major components of the disc valve amplifier.
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A5-2 Manual controller

The manual controller has ‘a  Joystick controller and potentiometer
controller as shown in Fig. A5.2. The switch S1 in the figure selects

either a Joystick controller or potentiometer controller.

The Joystick controller has a dual axis Joystick potentiometer supplied
with two 10K linear carbon track potentiometers. The Joystick has integral
cehtre return springs which may, if desired, be removed allowing the
control stick to stay in any position. In this application onlj one of the
potentiometers was used. The control voltage from the Joystick was small in
amplitude owing to the small sweep angle. For this reason an operational

amplifier was incbrporated to permit gain adjustment.

The potentiométer controller has a 10K linear potentiometer and two
resistors with values 5K2 and 10K (variable). Thése two resistors were used

to balance thé voltage swing of the linear potentiomefer.

The manual control unit is housed in a moulded plastic box and linked to
thé disc valve amplifier via a 4vdore'screen flexible cable with 5 pins DIN
type’conﬁectors. The DIN pin assignments are:

Pin 1‘+'15 \'H Pin 2 Not connected; Pin % Earth; Pin 4 Control voltage;

and Pin 5 -15 V.

A5-3% - Auto controller

The auto controller can accept any signal from an external soyrce.

AS5-4 Summing amplifier

The summing amplifier circuit is shown in Fig. A5.3. It has an operational
amplifier used to sum the output of the manual controller, auto controller

and a feedback signal as required in a closed - loop control operation-of
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the disc valve amplifier to provide é variable amplitude error signal. The
output of the summing amplifier is called aﬁ error signgl and its'amplitude
can be #aried via a 100 X variable resistor shown in Fig. A5.3. The error
sigﬁal gain ié important in the disc valve control. The higher the error °
signal gain, the better the control as the input dead-band of the valve

decreases.

A5-5. Feedback amplifier

Often in a closed-looé-position control, the electrical stroke Qf a
feedback transducer might not be equal to the stroke of an actuator or the.
.feedback signal amplitude might not match that of the command signal.
Considering these facts, a feedback amplifier whose electronic circuit is

shown in Fig. A5.4 was incorporated in the disc valve amplifier.

The feedback amplifier has three operationél amplifiers, two of which were
wired as voltage followers and the third one was wired as a summing
junction. The voltage follower A was*incorporated to prevent current being
drawn from the feedback potentiometer. The voltage follower C was used to
monitor the corrected feedbéck signal without drawing any current. The
operational amplifier B was used to sum the uncorrected feedback signal and
an adjustable offset signal used to correct any discrepancy in the mid-
_positions of the feedback potentiometer stroke and that of the actuator.
Feedback signal amplitude adjustment is made possible via 100 K

potentiometer on the front panel of the disc valve amplifier.

A5-6 ' Waveform generator

The waveform generator has a monolithic integrated circuit(type 8038CC)
that gives simultaneous sine, square and triangular outputs and an output

buffer amplifier (see Fig. A5.5). The triangular output waveform is
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selected without any adjustment of the duty cycle being made and terminals
4 and 5 are shorted together as shown in Fig. A5.5. The frequency f of the
" signal generator is controlled by the timing resistor R and the capacitor C

and is given by f = 0.15 / RC.

Pins 7 and 8 are shorted together, and the magnitude of the charging
current I due to R is given by I = V,, / SR. Fér best performance, this
charging current should be withiﬁv10 microamp and 1 mA according tb the
manufacturer specifications. For best stability capacitor C should be a low
temperature coefficient type, e.g. silvered mica, poljstyrene type, etc.

Blectrolytic capacitors are not good for timing action.

.

To prevent overload and to provide maximum amplitude the waveform output

is passed through an output buffer amplifier. The output buffer amplifier

has an operational amplifier 741 and resistors wired as shown in Fig. AS.5.
The circuit allows amplitude adjustment which means that the generator
output signal level which is fixed at one-third of the power supply can be

altered at will.

AS=-T7 Comparator

Fig. A5.6 shows the circuit that generates the pulse-width-modulation (PWM)
“signal: used to trigger the switching section of the disc vélvé amplifier.
The circuit has two operational amplifiers A and B. The operational
amplifier A compares the error signal with that of the sawtooth amplitude
and its output level is controlled via operational amplifier B. The output
of the comparator isAa series of time width varying rectangular waveforms

which can be switched on or off via switch S3 in fhe figure.

A5-8 Switching amplifier

The switching amplifier section of the disc valve amplifier is an improved
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version of the Four-levél switchihg amplifier. In the present design, the
monostable circuit of the Four-level switching amplifier has been removed
and the output transistor power stage has been made more efficient. The
transistor stages and the operational amplifiers now share the séme power
supply.The numbel'of integrated circuits have been reducedffgam'12 to 1.
Four operational amplifiers (741 type) are now combined as one integrated
circuit (348 type). Fig. A5.7 shows the electronic circuits of the

switching amplifier.

The switching amplifier has diode wave clippers, operational amplifiers and
the power stage amplifier circuits.Thé diode wave clipper perfdrms the
same function as the bistable circuit described in Appendix A2-2. The

transistor power output stage is described below.

A5-8.1 Transistor power output stage

Each of the output transistor power stages of the disc valve amplifier has

four resistors connected as a self-biasing circuit. The bias circuit-is

shown in Fig. AS5.8(a) and it has four resistors which provide improved
stability of the quiescent operating point. The input resistors Ri and Ro
are used to give fixed bias, while the emitter resistor RE provides é bias
voltage that varies with I,. This compensates somewhat for changes in hpp
or temperature on the quiescent operating point. Its operation ié based on
the fact that the cfitical variable to be stablised is the:collector
currént rather than the base current. The combinétion of Ry and Ry
constitutes a voltage divider to bring the base to the proper potential to
forward bias the emitter Jjunction. If Ic tends to increase, because of an
increasing in hpp due to a rise in temperature, the current I, + Iy in Ry
increases, raising the potential of the emitter with respect to negative
supply level. This, in turn, reduces Vgp, the forward bias on the base-

emitter junction, reduces the base current and, thereforé, limits the
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increase in I,. In other words, any increase in collector current is fed
back to the base circuit and modifies the bias in such a way as to oppose a

further increase in Ic‘

A5-8.2 Analysis of the self-biasing circuit

Quantitative analysis of the circuit is simplified if the voltage divider
(Pig. A5.8(b)) is replaced by its Thévenin equivalent (Fig. A5.8(c)) where

Vg =Ry V,./(Ry *+ Ry) and Ry = RyRy/(Ry + Rp) (A5.1)

Writing a voltage equation around the input as redrawn in Fig. A5.8(d),
gives
I, in equation (A5.2) can be replaced with Ighpp and solving for the base

current to get

Vo = V 1
B BE
Ig = ' (45.3)

Rg 1+ (1 * hpg) Ryp/Ry

For a fixed-bias circuit
and for the four-resistor bias circuit, I, is hpp times the Iy value in

equation (A5.3), leading to

~Vp - Vpp by
‘Rp |1+ (1 + hpg) Rg/Rp

I, can be made less affected by temperature-induced changes of Vgg by
making Vg larger. Vpp is about 0.7 V, although Vg may be made 4 V.
We may also neglect unity with respect to hpp and then have

\' h
.= 2 FE | (45.5)

Rg | 1+ bpg ( Rg/Rp)
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With the'fixéd—bias eircuit, I, was given by equation (A5.4), and was
directly affected by changes in hpp, with the bias current held constant.
With equation (A5.5) for the four-resistor circuit, however, we have heg
appearing both in the numerator and the denominator. It may bé seen that
thé sensitivity of Ic to chang;s in.hFE can be reduced if we choose RE/RB'

correctly.

If»wé make Rg = O, however, then equation (A5.5) reduces to
I, = (Vp/Rp) hpg . ' ‘ (A5.6)

and I, will vary directly as hpp, which is the undesirable situation in the

fixed=-bias circuit.

If we make Ry/Rp=1, then the hpp(Rg/Rp) term in the denominator would be
the iﬁfluencing factor.The'hFE terms in the ﬁumerator and denominator
would about cancel and I, would be independenf of hpp which is the result
desired. Rp must be small in magnitude or we lose signal gain and dc power,
however, and R must be larger with respect to hip of.the'transistqr with
which it is in parallel or we lose gain again. Hence some compromise

between ideal bias stability and gain performance must be made.

Experience has shown that a satisfactory four-resistor bias circuit can be
designed by selecting Vg in the region of 3 t0o 4 V and‘RE/RB in the region
of 0.05 to O.1. The ﬁE/RB is called the stabilising ratio. This ratio
serves as an index of stability, which increases as Ic is made more stable

by the circuit design.

A5-9 Complete circuit

All the electronic circuits described so far are combined as one amplifier
called the disc valve amplifier and Fig. A5-9 shows the block diagram of

the essential components of the amplifier. Corresponding waveforms of the
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various sections of the amplifier are shown in Fig., A5-10.

In Fig. A5-9, switch S1 selects between a Joystiqk controller and a
potentiometer controller. The amplifier can be used for both open and
closed - loop control and this isya;hieved through switch S2. The output of
the comparator is a series of time width varying rectangular waveforms
which can be switched on or off via switch S3. The wave clipper I admits
only the positive going section of the rectangular waveforms. These pulses
are inverted by an inverting amplifier as the power amﬁlifier I requires a
negative going signal. The wave clipper II admits the negative going signal
which is compatible to power amplifier II. The éurrent‘output of the power

amplifiers are used to drive the coils of the disc valve.

The two coils can be switched on at'the'same time via a coil activator. The
. ¢0il activator simply set-up é gc-voltage to enab1e the transistors to be
switched on or éff. When switch S4 is on, the disc’valve amplifier is in a
pulse~width-modulation mode. Otherwise the two coils are fully switched on.
The sﬁitch arréngement is shown in Fig. A5-7 as S4a and S4b. This
arrangement allows the two discs of the double~disc valve to be pulledldoeé
shutting off the valve o0il supply. With 1315 v powe} supply, the amplifier

can provide a maximum current of 1.55 A.
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Fig. A5 .2

An electronic circuit diagram of a manual controller
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Fig. A5.8  (a) The four-resistor bias circuis; (b), (c), and

(d) reduced circuits.
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A6: MICROPROCESSOR CONTROLLED DIGITAL PULSE-WIDTH-MODULATOR

A6-1 Introduction

The development of fast-acting, solenoid-actuated valves has made the
direct control of hydraulic systens mubh more fegsible, but it is still
difficulf to position loads accuratély using these valves and conventional
control techniques. The reason is that on-off controllers require
: gophisticated schemes to control load position to avoid ovérshoot,
undershoot, and instability. If a microprocessor with appropriate control
strategies is added to the falve control; these problems can be solved. It
is for these reasons that a digital Pulse-Width-Modulator (PWM) is

considered.

Pulses are short bursts of voltage, often of considerable amplitude, with
intervals between pulses usually far greater than the duration of the pulse
itself. Generally speaking, pulses are unidirectional in voltage and do not
go alternatifely'positive and hegative;The general shape is as shown in
Fig. A6.1. An ideél pulse should be rectangular with rapid rise and fall
and a flat top, indicating constant amplitude during the 'on' period.
Pulses have a mark/spgce ratio, i.e. dn/off rétio,‘which is often eitremely
small; in radar, for exampie, ratios of 1:1000 are common in fhe
transmitteripulse. A Pulse-Width-Modulator changes the on—off rétiovof~g
pulée train,accordiﬁg to a control signal. In a digital Pulse-ﬁidth-
Modulatér, the control signal is a data word whose value determines the
pulse width. The period of the modulated pulse train isvconstanf and

independent of pulse width.

Microprocessor control of a digital modulator is easily achieved. The
microprocessor can supply a word to designate the pulse width at its output

port, and the modulator can produce a train of pulses having the desired
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widthe.

A6-2 Design approach |

A digital'PWM can be implemented in many different ways [73]. The one
described here has the advantage of reéuiring a minimum number of

components. Figure A6.2 shows a 12-bit PWM. In Fig. A6.2 , three LS 161
counter integrated circuits (ICS) form a free running divide-by-4096

counter whose output is constantly comﬁared with the micrOprocessor output
port value using the three cascade LS 85 éomparators. When the counter
output is less than the control ﬁor& gt~the»output port, the A>B comparator
output stays high. When both inputs to the comparator are equal, the A>B
output goes low, to zero, and remains:low until the countef overflows.

Then, A>B returns high and the process is repeated.

The period of the output waveform of a 12-bit modulator is

Tout = 4096 Toye . (A6.1)
and the pulse width pw is

pw = oW Toqpe ' | : (A6.2)

where cw is the control word value and T,y is the clock'period.

In general, the period of the output waveform of a n-bit modulator is
= o0 m" ‘ . - , S
Tout = 2 Tclk’ . ~ (A6.3)

and équation (A6.2) still hold for the pulse width.

With a zero control word, this circuit supplies a zero output level, and
the device that it drives will remain fully off. However, with fhe maiimum
281 (4095 for 12-bit) control word value, the output will not remain fully
on, instead, it will drop low every 2%-1 (4095) clock pulses énd remain low
for one clock period.

For n-bit modulator, the relationship between the clock frequency (f;lk)

and the frequency (f,,+) of the output of the PWM is
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feix © 20 fout (A6.4)
Therefore, for 12-bit modulator the relationship is

\
folxe = 4096 fopy (46.5)

In other wo;ds,lfor n-bit modulator running at X Hz, the fundamental will
lie around'X/Zn Hz. For example, with an 8-bit modulator running at 3.2768
MHz, the fundamental will lie around 12.8 KHz. For 12-bit accuracy, the
fundamental drops to only 800 Hz. This show that for high accuracy and high
bandwidth in a digital PWM demand a high clock frequency. In other words,

the bandwidth of a digital PWHM is limited.

In this design, a built-in clock was considered. This involved the use of a
crystal and a dual-voltage céntrolled oscillator (LS 124) toigenerate the
clock pulses. This approach ga?e a fixed clock frequency. To overcome this
disadvantage, the output of the oscillator ié fed through two counters
(LS93) in cascade. The LS93 are 4-bit binary counter which means that there
are now eight clock frequencies at user's disposal. The clock generating
circuit is as shown in Fig. A6.3. For the 3.2768 MHz crystal used, the
couﬂter output frequency and the corresponding frequency of the PWM is as -
shown in Table A6.1. | |

Table A6.1 Counter frequency and PWM output frequency.

Counter frequency PWHM frequency
KHz , Hz
1638.4 400.000
819.2 200.000
409.6 100.000
204.8 : 50.000
102.4 25.000
51.2 12.500
25.6 A 6.250
12.8 3.125

The output frequencies of the LS93 counters are fed to the PWM via a rotary

switch. The rotary switch is a one-pole six-way subminiature switch and
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select the required clock frequency for the system. The 12.8 and 1638.4 KHz
clock frequencies were not connected. Therefore, the PWM output frequencies
available in this design in Hz are :- 6.25, 12.5, 25, 50, 100, and 200 in

ascending order.

The description and functional block diagrams of LS85 (comparator), LS93
(counter), LS161 (counter) and LS124 (dual-voltage controlled oscillator)

are given in [74,75].

A6-3 Spectral analysis

An understanding of the frequency domain characteristics of a Pulse-Width~-
Modulated signél is required for accurate use of a PWM. For a given pulse

width, the signal spectrum can be found by performing a Fourier
transformation on one period of the modulated output. Georgiou [73] pointed

out‘thaﬁ a graphical approach is faster and allow a feel for the spéctral
behaviour to develop. The spectrum is, of course, a line spectrum with non
zero energy only at frequencies that are integer multiples of the
fundamental frequency of f, = 1/T, where T is the period of the output

waveform (see Fig.A6.4).

- The amplitude of the dc compbnent in the spectrum [73], the average value
of‘the time domain signal is given by:

Vae = (pw vp) / T : | ‘ (46.6)
Substituting for pw/T from equation (A6.5) gives, |

Vie = (cw / 2P) Vp ' : (46.7)
For 12-bit modulator,

Ve = (éw / 4096) v, ; (A6.8)
This equation shows that for a zero control word, the output of thevPWM
will remain zero. In other words, the amplituée of the amplitude of the dc

component in the PWM spectrum is zero for zero control word.
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For a giwr.en £ (the ampliltude of PWM), the dc component (i.e. the average
value of the time domain signal) is proportional to control word (cw). On
the other hand, if the PWM is used in a closed loop configuration, then the
control word woula be the error signal. Therefore,

vge = k ER , _ ; , ~ (a6.9)

whére k is the proportionality and ER is the error signal.

A6-4 Applications

The microprocessor controlled PWM has many usés. It can serve as a low cost
digital to analogue converter (DAC) because the average or dc value of its
odtpﬁt-is proportional to the pulse width and, therefore, proportional to
the value of the coﬁtrol word as shown in section A6-3. To operate a PWHM as
a DAC, it is important to filter its 6utput of a frequency below the pulse
repetition frequency. Because of its modulation method the DAC will be

monotonic and will have excellent linearity.

“An important advantage ofiPWM controi is that power drivers will operate in
the on-off mode with fransistors fully saturated or fully off, minimising
power dissipation in the driver. Another advantage of this PWM is that‘its
fundamental frequenqy‘can be varied at ﬁill by simply changing the clock
frequency via a rotary switch. The available fundamental frequencies in Hz
are :- (3.125), 6.25, 12.5, 25, 50, 100, 200, and (400). Those enclosed in

brackets are not available to user because they were not connected.

A6-4.1 Adaptation

The designed digital PWM is not directly compatible with switching
amplifier constructed to control an electro-hydraulic Double-Disc valve. A
switching amplifier requires a square waﬁe input waveform to trigger on and

off its output transistors. Hence an operational amplifier, 741, was wired
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as a comparator‘to convert the output pulse train of a 12-bit digital PWH
into a rectangular waveform. The mark/space ratio and the time domain of
the rectangular waveform are the same as those of the pulse train. Figure
A6.5 shows the converting circuit.‘The amplitude of the output can be
varied via resistor R5. The block diagram of the modified digital PWH is
shown in fig. A6.6. A block diagram of'a possible way of controlling the
valve remotely using a microcomputer is shown in Fig. A6.7. The
microprocessor receives the demand signal via a system console (VDU) and
the feedback position-signal from an analogue-to-digital converter (ADC).
In a closed-loop application, the micrbprocessbr,performs the arithmetic
 subtraction through software to generate the control word (error signal)
needed to trigger the digital PWEL‘Alternatively, for a digital feedback
transdﬁcer, such as an encoder, the feedback signal is used 3irectly
without the ADC. With the aid of the micropfocéssor, sophisticated control
strategies may be implemented, parameter changes may easily be monitored
and proportional-integral-derivative (P1ID) contfoller~or stafe-space
control may also be incorporated. The microprocessor can monitor all fhe_
- various stages of the control loop and as such it can also be used as a

‘data acquisition system.

When a digital PWM is used in this manner, it is necessary to have a
fundamental frequency which is significantly higher than the mechanical
resonant frequency of the electro~-hydraulic system so that the electro-
hydraulic system aéts as a mechanical low pass filter. On the other hand,
if the fundamental frequency is too high, the electrical inductance of the
electro-hydraulic system will filter out all the harmonics. Then, the time
domain signal.seeﬁ by the eiectro-hydraulic_sysfem will have dc

characteristics.:
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COMPOMNENTS NALLE
Rt 10K
R2 10K
R} 10M
R 0K
RS 10K

F:Lg. A6.5 Circuit to convert output pulse train of a 12-BIT dlgital PWHM
"into a rectangular waveform.

Control  word from
microprocessor
__}____ - __""—; —-l--l-7
[ . l
| |__CRYSTAL - P E—
' 1 - | RECTANGULAR
| | | |, {WAVE CONVERTER |
| | OSCILLATOR ' | COMPARATORS |1 )
| ! | : .
] ! 5| |swirchinG
l B ! ﬁ ﬁ ﬂ | | AMPLIFIER
| | BINARY | | : :
I ‘ COUNTERS ‘ Output to disc
l ! | valve coils
- - —7 - - - = - — |
!
VARIABLE CLOCK ‘T =7 = = — — ~-
GENERATOR 12- BIT DIGITAL PWM

Fig. A6.6 Block diagram of a 12-BIT digital PWM adapted for use with a
sWwitching amplifier.
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Cutput position
MICROPROCESSOR || DIGITAL PwM AND|__JELECTRO HYDRAULIC ACTUATOR
SWITCHING D oisc wALVE FWane Lon O —2
AMPLIFIER :
Demand
position
12 8IT FEEDBACK POTENTIOMETER
A/D CONVERTER — , : —
vOU

Fig. A6.7 A block diagram of a'microprocessor manipulated electro-hydraulic
position control system.
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Hysteresin curves for soft-rolled Remko B

The tests were performed on ring spedi-
mens using the ballistic method.

The graph below shows the influence
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Flow chart of electro-magnetic circuit calculation
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A10: SELECTION OF PUSH ROD DIMENSIONS

A10-1 - Introduction

The two critical dimensions of a push rod are its length and diameter. The
.push‘rod form an annular passage for oil leaving the valve chambers to the
drain. For a given drain nozzle, the radial clearance between the rod and
the drain nozzle wall is dictated by the rod diameter. Clearly the rod
diameter affect the drain flowrate, pressure sensitivity and valve
stiffness. On the othef hand, the length of the rqd influence buckling
action of the rod. From buckling poinf of view, a.short rod would be

better.

The rod used in the floating disc valve can be described as a pin-ended rod
loaded by an axial compressive force at each end. The compressiVe forces
afe causgd by the fluid forces acting on the valye discs. It is assumed
fhat the line of action of the forces passes through the centroid of the
croés-section_of the rod. It is hoped that the critical ldad acting od the

push rod to start buckling would be derived.

A10=2 Critical load

The critical load is defined to be that axial force which is enough to hold
the bar in a slightly deformed configuration. Under the action of the load

P the rod has the deflected shape shown in Figure A10.1

The bending moment at point A having coordinates (x,y) is given by

a2y )
EI =—— = - Py ‘ . (A10.1
ax2 :
If we set
Cp | ,
—_ = §° (410.2)
EI ' ‘
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equation (A10.1) becomes

a2y _
El —— +K% =0 | (410.3)
dx2
The solution of equation (A10.3) is given by
¥y = C sin Xx + D cos Kx ; ' (A10.4)
A10-3 . Boundary conditions

At the left end of the rod, y =0 when x = 0. Substituting these values in
(A10.4) we obtain

D=0

At the right end of the rod, y = O when x = L. Substitutihg these values in
(A10.4) with D = O we obtain |

0 = C sin KL,

This implies thét either C = 0 or sin KL = O. But if C = O then y is
everywhere zero and we have only trivial case of a straight rod which is
" the configuration before fhe occurrence of buckling. Sinée we are ndt
- interested in the solution, then we must take

sin KL = 0 - (A10.5)
For this to be true, we must have |

KL = nTl radians (n = 1,2,3,...) ‘ , (410.6)
Using équation (A10.2) in (A10.6) gives |

p = n2 W2EI / 12 C (a10.7)
The smallest value of this load P occurs when n = 1. Then we have the sb-—
called first mode of buckling where the critical load is given by

Pop = W2EI / 12 ' (410.8)
For a circular rod, the second moment of area I is givén by t
I=- TD§ /64 (A10.9)
Substitute (A10.9) in (A10.8) to get

Pop = T D / 6412 - (A10.10)
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where E is the Young modulus of rod material. The rod is madé of steel an@
therefore E = 200 GNm'Z- With this value equation (A10.10) becomes ‘

Pop = 9:68946 x 100 D} / 12 | | (A10.11)
The critical buckling load as obtained from equation (A10.10) or (A10.1i)
gives an idea of the maximum supply pressure that a given disc valve size

can withstand without any failure.

P“_/T\P _-X._

L

Fig. A10.1 Deflected shape of a push rod subjected to .axial load P.
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A12: TRANSFER FURCTION OF A SERVOVALVE

The transfer function of a servovalve is well treated in Chapter 7 of a
Hydraulic Control System text book by Merritt [66]. For completeness the
results are quoted in this appendix in order to define the symbols used.

The transfer function of a servovalve alone is given by [66]

| 2
- Zk?v . r K, W, ‘ -
= (A12.1)
(1 +spwy) [s2+ (23, w,) s+ ws]
where
K, = = gtatic gain constant, rad/volts
(Rc + rp)Kat(1 - Km/Ka)

r = radius arm of torque motor, in

Két =K, * 0.43 r? W (Ps "PLo) = total spring comstant, in-lb/rad

Wy = Q/Kat/(Ja + rZMv) = total motor natural frequency, rad/sec
M, = mass of spool, 1b-sec2/in |

Wy = (Ré + rp)/2L¢ = armature circuit break frequency for each coil.
30 = Kp/2K, = damping ratio

Ka = mechanical torsion spring constant of armature pivot, in-1lb/rad.

Jg = inertia of armature and any attached load, in-ib-secz.

~
1}

n (4~42x10"8)8(a/g)2 Rg ¢§ = magnetic spring constant of torque motor,.
in-1b/rad ' '

~
ot
[

= (4.42x1078)4(a/g) N, Og = torque constant of the torque motor
o (i.e., for each coil), in-lb/amp.

a = radius of armature from pivotlto centre of pole face, in.
Rg = g/yoAg = reluctance of each air gap at neutral, amp-turns/in.
g = length of each air gap at neutral, in.

By = 319 = permeability of free spabe (air) used with English units.

Ag = poie face area at the air gapé, in2.
Gg = MO/ZRg = flux in each of the four air gaps when the armature is at
neutral. - ' :
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‘R, = resistance of each coil, ohms.

Nc = pnumber of turns in each coil.

rp = internal resistance (plate resistance) of amplifier in each coil
circuit, ohm.

M, = total mmf of all permanent magnets, amp-turns.

L, = (1078) Ng/Rg = self-inductance of each coil, henrys.

A. Usman AUGUST 1984
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A13: Description of a high pressure hydraulic rig

The general layout of a high pressure rig used to supply hydraulid 0il at
constant pressure to a test bench is shown in Figure A13.1. In the Figure,
the hydraulic oil (Shell Tellus R37) falls under gravity from a tank. (1) to
a boost pump (2). The boost pump is driven by a constant speed motor (M1)
to supply‘oil to‘a’main pump (5) at 7.7 bar. The oil from the boost punmp
 flows through a 10-micron filter (3) and a pre-set pressure regulator (4)
~into a main pump (5) which is a swash plate. The main pump is driven by
electric motor (M2). The filter (3) cleans the o0il to prevent any damage to
the relevant equipment. The relief valve (6) (adjustable spring type)
controls the pressure to the main pump. At present this relief valve is set
to 7.7 bar which gives about 126.0 bar main line pressure. If the boost
pump pressure is increased, the line pressure will iﬁcrease
correspondihgly. The boost pump pressure is registererd\ by pressui‘e gauge
(7)s The main pump is a variable swash plate a_xial piston type. The angle
of the swash plate depends on the delivery. There would be no delivery when

the swash plate is in vertical‘ position (i.e. no demand).

The flow output from the main pump unit is controlled by a two-;way manual
lever-operated directional valve (10) and a pressure regulator/relief valve
(11). The means of actuating the twé pump units are situated on the main
control panel. On the frént of the test bench are the associated pressure
gauges and relief valves to supp.ly four channevls. To increase the supply
pressure, the preséure regulator knob is turned clockwise. The oil from the
pressure regulator (11) then flows through another 10-micron filter into

the test rig or test bench (14).

An accumulator (13) is fitted just upstream of the test rig. The
pressurised accumulator (precharged to 2/3 of required working 'pressure

with nitrogen), which has the same effect as a smoothing capacitor in a
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d.c. supply, impréves the pressufe‘fluctuations and transient flow demands.
The supply pressure is indicated by pressure gauge (12). The line pressure
is indicated by (9) and oil temperature by gauge (8). The return flow,
from the test rig, passes through a filter and oil cooler (16) into the
tank (1). The return pressure is indicated by pressure gauge (15). The 10-
micron oil filter in the main return line from the test rig prevent dirt
from the test rig contaminating the main oil reservoir. Heating of the o0il .
owing to pfessure losses in the system can be severe problem, hence the oil

cooler (16) maintain the oil temperature in the system at a given level.
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F1G. A13-1 HYDRAULIC CIRCUIT OF A HIGH PRESSURE HYDRAUUC RIG

(1)
(2)

(3}
(4)
(s)

(6)
™
(8)
(9)

KEY TO FIG. A13.1
Tank - 60 gallon capacity.

Boost pump {gear type)(LUCAS LTD.) Type GP.20111 motorised by a 5 hp
at 1440 rpm foot & flange drip-proof type Newman electric motor -
arranged for 400/440V 3~phase SO cps.

Filters (FAIREYS AVIATION LTD.) 10-micron cut-off type.

Relief valve/Pressure regulator - preset to 110psi.

Hain pump (LUCAS LTD.) Type PM.500/(DB2)/MS/D4/M1 variable capacity
pump unit with manual control- max. output 12 GPH at 3,000psi but
limited to 10 GPM. Movorised by a 25 hp at 1440 rpm foot & flange,
drip-proof electric motor - arranged for 400/440V 3 phase SOcps.
Relief valve ‘

Boost pressure gauge (BOURDEN LTD.)

01l temperature gauge (BOURDEN LTD.)

Hain line pressure gauge (BOURDEN LTD.)

(10) Directional valve - lever control type (DENNISON ITD.) .

(11) Relief valve/ pressure regulator

(12) Supply pressure gauge (BOURDEN LTL.)
(13) Accumulator (FAWCET? ENGINEERING LTI.)

(14) Test rig

(15) Return pressure gauge (BOURDEN LTD.)

{16) 011 coolant (SHELL LTD.)

1

flake]

(ERSITY OF SURREY LIBRARY



