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Abstract  

The prediction of the performance of energy systems that recover power from low grade heat 

is one of the most important requirements for reducing their investment cost and optimising 

system efficiency. The aim of this work was to study, model and analyse an Organic Rankine 

cycle (ORC) system using a twin screw expander to generate the power output, with HFC-

245fa, as the working fluid. A software package (Power Plant Performance Prediction 

Program), simulating ORC system performance was therefore prepared for this purpose. Major 

components were represented by proper units and relations between the system’s 

constituents defined. The preferred analytical procedure depends on both the system 

complexity and the requirements of the study. In this case, the whole cycle was simulated in 

order to obtain a good understanding of its behaviour with the aim of estimating its optimum 

operating conditions. The procedure adopted was to start from a basic case and then improve 

it, in a realistic way, in order to evaluate the system potential. Performance indicators, like 

thermal efficiency, specific net output, total UA and surface of the heat exchangers, as well as 

the relative cost of the system all need to be taken into account but it is impossible to optimise 

all of them simultaneously. The design value for these parameters is therefore a matter of 

choice, or compromise.  

Efficiencies of ORC systems were calculated based on the assumption that the working fluid 

entered the expander as wet vapour. For the heat source and sink conditions chosen for this 

study, the overall cycle efficiency was estimated as approximately 6% using R245fa. This and 

the power output are highly dependent on the ambient air temperature when using air-cooled 

condensers. Allowing for a small degree of subcooling at the condenser exit, it is shown that 

the heat recovery should be maximised.  
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Chapter 1 Introduction and literature review 

1.1 Industrial waste heat 

In a typical developed country as much as 40% of the total fuel consumption is used for 

industrial and domestic space heating and process heating. Of this, around one third is wasted 

[1]. Low grade heat has generally been discarded by industry and has become an 

environmental concern because of thermal pollution. This wasted heat can be lost to the 

atmosphere at all stages of a process, through inefficient generation, transmission, or during 

final use of the energy. This has led to the search for technologies which not only reduce the 

burden on non-renewable sources of energy but also take steps toward a cleaner 

environment. Also, given the growing scarcity of primary energy resources, achieving increased 

efficiency of energy conversion processes is one of the key challenges for optimising primary 

energy use. From this perspective, low temperature waste heat from various processes is 

becoming more and more attractive as a secondary energy source.  

Waste heat can be recovered either directly or more commonly, indirectly. Direct heat 

recovery is often the cheaper option, but its use is restricted by location and contamination 

considerations. In indirect heat recovery, two fluid streams are separated by a heat transfer 

surface. Devices that convert low grade heat to electricity and can be retro-fitted to existing 

plants to increase their efficiency and contribute to their emission reductions are of great 

interest. Used in this way, technologies that convert low grade heat to electricity can be 

advantageous on two fronts. Firstly by the improvement of the efficiency of current 

technology and also in application to sustainable energy sources that are, to date, unexploited.   

One approach which is found to be highly effective in addressing the above mentioned issues 

is to make use of low grade heat to generate electric power in an Organic Rankine cycle (ORC) 

system. For low to medium temperature heat sources, organic working fluids offer advantages 

over water as the working medium, as used in conventional Rankine cycle systems, by 

increasing the cycle efficiency, thereby enabling more power to be generated. This has been 

shown to be particularly promising for decentralized combined heat and power production [2]. 

The recovery of waste heat has a direct effect on the efficiency of the process. This results in 

both reduced utility consumption and process costs. It also reduces the fuel consumption, 

which leads to reduction in the flue gas produced. This permits equipment sizes of all flue gas 

handling equipment such as fans, stacks, ducts, burners, etc. to be reduced in addition to 

reducing atmospheric pollution.  
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1.1.2 ORC for waste heat recovery  

An ORC system, using an organic fluid instead of water as the working fluid is feasible in heat 

recovery from geothermal resources, exhaust gases of gas turbines and waste heat from 

industrial plants. The success of the ORC technology can be partly explained by its modular 

feature. This success is reinforced by the high technological maturity of most of its 

components due to their extensive use in refrigeration applications [3]. Moreover, such 

systems are more suitable for local and small scale power generation than conventional power 

generation systems. Today, they are commercially available in the MW power range. Many 

units have been installed for recovering power from geothermal and waste heat. However, 

very few have been installed in the kW range of outputs [3].  

Low grade heat (80°C to 200°C) as in the industrial waste heat stream, solar heat trapped by 

collectors with low to medium ratios of concentration, low temperature geothermal sources, 

and cooling water streams of stationary engines are some of the sources that have been 

proposed which can be effectively used in ORC systems, as shown in figure 1 [3].  

 

Figure 1 Various available waste heat sources for ORC 

The most important characteristic of waste heat sources is the extent of their availability, the 

temperature at which they are available, the temperature of the cooling medium, and the cost 

of converting the waste heat into useful power. Currently the market for ORC power systems 

lies in the range of hundreds of millions of U.S. dollars annually [4]. In the short term, an 

increase in environmental regulations will likely be the first catalyst to drive the market to a 

higher level before an increase occurs in the price of fossil fuels. Thus, the first area in which 

ORCs will find a potentially large market will be in kW scale waste heat utilization.  Also the 

utilisation of waste heat will continue to increase due to the ongoing international effort to 

reduce the emission of greenhouse gases. 
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1.2 Objectives and methodology  

Current research trends can essentially be divided into three sub-areas, namely ORC plant 

engineering, working fluids and process simulation. Due to the enormous practical relevance 

of this technology, there are some complex overlaps between these three sub-areas with 

regard to the optimisation approaches that are taken. Optimising the plants by converting the 

waste heat into electricity in an ORC process at low temperature is a relatively cost intensive 

solution due to the investment involved, but one that leads directly to increased efficiency. 

The thermodynamic and economic performance of ORC systems are influenced by a 

multiplicity of factors, including resource characteristics, single phase or two-phase expansion, 

the thermodynamic cycle configuration, subsystem characteristics, fuel cost, subsystem design 

and off-design efficiency factors, working fluid characteristics, and the selected independent 

thermodynamic process states.  

Hence, predicting the performance of ORC systems that recover power from low grade heat is 

one of the most important requirements for reducing their investment cost and optimising 

system efficiency. The objectives of this project therefore was to study, model and analyse an 

design point ORC system using a twin screw expander to generate power using HFC-245fa, as 

the working fluid. The methodology in achieving this involved preparing a software code called 

Power Plant Performance Prediction Program to simulating ORC system behaviour using 

performance indicators, like thermal efficiency, specific net output, total UA and surface of the 

heat exchangers. This software was further used to report the sensitivity of the ORC system. 

1.3 Determining the waste heat   

Quality: When recovering waste heat, the quality of waste heat must be considered first. 

Depending upon the type of process, waste heat can be discarded at virtually any temperature 

from that of chilled cooling water to high temperature waste gases in an industrial furnace or 

kiln. Usually, higher temperatures equate to higher quality of heat recovery and greater cost 

effectiveness. The strategy of how to recover this heat depends in part on the temperature of 

the waste heat gases and the economics involved. If some of this waste heat could be 

recovered, a considerable amount of primary fuel could be saved. The energy lost in waste 

gases cannot be fully recovered however, much of the heat could be recovered and loss 

minimized. 

Quantity: In any heat recovery situation it is essential to know the amount of heat 

recoverable. Calculating quantity of waste heat is given as: Q = MFR x Cp x ΔT  
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1.4 Energy conversion in ORC  

The current market niche for ORC systems depends on simplicity and affordability. The benefit 

of the technologies discussed in this thesis will demonstrate that the basic ORC is the favoured 

configuration and this has therefore been the focus of investigation and analysis. The systems 

considered are for the expansion of wet vapour as shown in figure 2, and superheated vapour, 

as shown in figure 4.  

The working fluid operates in a sealed, closed-loop cycle. The stream of geothermal brine or 

any other fluid carrying source heat enters the system through the network of heat exchangers 

in which heat is transferred to the working fluid. Typically, there are two stages of heat 

exchange, one occurring in a preheater, where the temperature of the working fluid is raised 

to its boiling point and the other in an evaporator, where the working fluid is vaporized. 

However, when the fluid is to be superheated, a third heat exchanger, the superheater, is 

added.  

After heat addition, high-pressure wet vapour is expanded. The exhaust of the organic fluid 

from this process can be anywhere between wet or superheated vapour, as a result of the 

characteristic retrograde shape of the working fluid saturation line. A superheated stream of 

exhaust vapour may enter directly to the condenser, where it is cooled and condensed. 

However, if economically feasible, it may first pass through another heat exchanger, the 

regenerator, which recovers part of the energy of the superheated vapour and transfers it to 

the liquid working fluid entering a preheater. After leaving the condenser, the liquid must be in 

the sub-cooled state at the pump inlet in order to avoid the onset of cavitation. The working 

fluid enters the pump, where its pressure is increased and returned directly, or through the 

regenerator, to the preheater. 
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Figure 2 Schematic ORC system layout for wet vapour expansion 

 

 

Figure 3 T-S diagram for ORC using R245fa with wet vapour expansion 

(for optimum performance vapour should leave the expander as slightly dry vapour) 
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Figure 4 Schematic superheated ORC system layout 

 

 

Figure 5 T-S diagram for superheated ORC using R245fa 
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1.5 Other ORC arrangements  

1.5.1 Regenerator   

Although mentioned in the previous section, the regenerator was not shown in the diagrams.  

Although it is not obligatory, its inclusion may be beneficial and its location is shown in Figure 

6. The purpose of using the regenerator is to recover heat form the superheated vapour 

before it reaches the condenser. This reduces the heat duty of the condenser and at the same 

time raises the enthalpy of the working fluid leaving the pump. It thus decreases the heat duty 

of the preheater and thereby can improve the thermodynamic efficiency of the cycle.  

 

Figure 6 Schematic ORC with a regenerator 

Apart from the effect of increasing the cost of the system, the regenerator has the drawback 

that it can reduce the heat recoverable from the heat source.  In such cases, although it raises 

the cycle efficiency its inclusion can reduce the recoverable power output and hence the 

overall conversion efficiency of the plant. However, when the heat source minimum 

temperature is limited to a higher value than is attainable from pure thermodynamic 

considerations, then it is likely to lead to an overall improvement in system efficiency. This is 

most likely to be the case in geothermal power plants. Temperature is the main factor, 

governing water mineral equilibrium in geothermal fluids. In that case, excessive cooling of the 

brine may result in the deposition of some minerals in the heat exchanger. Because the 

chemical composition of geothermal fluid is different in each field, and sometimes even varies 

significantly between wells located in the same field, temperature limitations for reinjected 

water should be estimated individually for each project. 
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1.5.2 Reheat or dual expansion 

Figure 7 shows a schematic of such a system. In this cycle two expanders are used. The 

working fluid is expanded to an intermediate pressure, reheated, and then expanded to the 

condensing pressure. The intermediate pressure is a design parameter. The two expander 

stages are analysed separately just as the single stage expander would be. Their efficiencies 

need not be the same. The reheater is constrained by the pinch-point temperature difference, 

as in the boiler.  

The addition of reheat results in an increase in the average heat addition temperature, 

increasing cycle efficiency. This benefit comes at the cost of an additional expander or turbine 

and heat exchanger. In addition, reheat creates an added discontinuity in the heating curve of 

the working fluid making it more difficult to match the thermal resource and working fluid 

capacitance rates. Matching resource and working fluid capacitance rates is of great 

importance for system optimization. 

 

Figure 7 Schematic ORC system with reheat of the partially expanded vapour 
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Figure 8 T-S diagram for reheat ORC using R245fa 

(Vapour exits from the first expander; returns to the superheater, where it is reheated to its 

original temperature (but at a lower pressure); and enters a second expander.) 

Another method to generate electricity from waste heat is to use a dual cycle system as shown 

in figure 9. The cycles are combined, and the respective organic working fluids are chosen such 

that the organic working fluid of the first ORC is condensed at a condensation temperature 

that is above the boiling point of the organic working fluid of the second ORC. A single 

common heat exchanger is used for both the condenser of the first ORC system and the 

evaporator of the second ORC. The two cycle system generally achieves a better performance 

than a single cycle. Since components in the two cycle system are more complex and require 

more components, the overall cost of the two cycle system is significantly higher.   
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Figure 9 Schematic layout for dual ORC systems 

1.6 Expanders  

Performance of the ORC system is directly dependent on that of the expander. The choice of 

machine for this purpose strongly depends on the operating conditions and on the power 

output. Two main types of machines can be distinguished: these are turbines and positive 

displacement types.  

Positive displacement type machines, like a twin screw expander as shown in figure 10 are 

more appropriate for small scale ORC units [4], because they are characterized by lower flow 

rates, higher pressure ratios and much lower rotational speeds than turbines. In some 

operating conditions liquid may appear at the inlet of expansion. This could be a threat of 

damage for turbo-machines but not for scroll and screw expanders.  

Expanders (scroll, screw, vanes) are characterized by a fixed built-in volume ratio. To optimize 

their performance, this built-in volume ratio should match the operating conditions in order to 
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limit under-expansion and over-expansion losses shown in figure 11 where the area under the 

curves indicates work performed by the refrigerant.   

 

 

Figure 10 Twin screw expander, a positive displacement machine with pressure ports and 

direction of rotation [5] 

 

 

Figure 11 Under and over expansion losses in a twin screw expander 
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1.7 ORC process compared to steam process 

The original working fluid for Rankine cycle engines is water, and this is still used in power 

plants and other high temperature applications. Water is plentiful, inexpensive, and can 

provide better cycle efficiencies than any other fluid. However, the low molecular weight of 

water requires the use of multistage expanders to obtain high cycle efficiency. A common 

feature of all organic working fluids used in ORC technologies is their high molecular weight 

and low boiling point. They also have critical temperatures and pressures far lower than water 

(shown in figure 12). For Rankine engines with maximum temperatures below 200°C, fluids 

with higher molecular weights than water can provide high cycle efficiencies in less complex 

and less costly single stage expanders [5].  

 

Figure 12 Vapour curve comparison of water and organic fluids 

The effect of various working fluids on the thermal efficiency and on the total heat recovery 

efficiency has been studied by Liu et al. [6]. The study regarded fluids such as water, ammonia 

and ethanol inappropriate for the ORC systems using turbines. Moreover, organic fluids 

provide a wide range of freezing points, thermal stability, system pressure level and cost, that 

enable one or more fluids to be particularly useful in a given power conversion system. The 

best efficiency and highest power output is usually obtained by using a suitable organic fluid 

instead of water, this is mainly because the specific vaporization heat of organic fluids is much 

lower than that of water. It follows from this that since relatively more heat is required for 

feed heating than evaporation, the heating medium can be cooled to a significantly lower 
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temperature. This means, that more heat can be recovered, thereby increasing the electric 

power produced from a given heat source.  

1.7.1 Organic working fluid classification 

A characteristic that must be considered during the selection of a fluid is its saturation vapour 

curve. The degree to which fluids are drying or wetting is generally related to the vibrational 

degree of freedom available to the fluid molecule. This characteristic affects the fluid 

applicability, cycle efficiency, and arrangement of associated equipment in a power generation 

system.  

Water is a wetting fluid, its vapour saturation curve has a negative slope (δT/δs < 0), resulting 

in a two-phase mixture upon isentropic expansion. Most organic fluids show, to varying 

degrees, drying behaviour resulting in a superheated vapour upon isentropic expansion. It is 

the drying behaviour of organic working fluids that make them superior to water for the 

utilization of low-temperature thermal resources and are the selected type of refrigerants for 

further analysis.  

The working fluid can be classified into three categories. Those are dry, isentropic and wet, 

depending on the slope of the T-s curve. A dry fluid has a positive slope; a wet fluid has a 

negative slope; while an isentropic fluid has an infinitely large slope. The shape of the 

temperature-entropy diagram gives a clear indication of the type of working fluid.  

 

Figure 13 T-S diagram for dry fluids (Pentane) 
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Figure 14 T-S diagram for wet fluids (Water) 

 

Figure 15 T-S diagram for isentropic fluids (R134a) 

Dry fluid (Figure 13 e.g. Pentane): with positive slopes (dT/ds). The saturated vapour phase of 

a dry fluid becomes superheated after isentropic expansion.  

Wet fluid (Figure 14 e.g. Water): with negative slopes usually has low molecular weight (e.g. 

water and ammonia). The expansion occurs in the two-phase section.  
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Isentropic fluid (Figure 15 e.g. R134a): Since the vapour expands along a near vertical line on 

the T-S diagram, vapour saturated at the expander inlet will remain saturated throughout the 

expansion without condensation or will have slight superheat. 

1.7.2 Advantages of ORC 

ORC systems have advantage in comparison to steam plants. They are compact, due to the 

higher densities of the vapour phase. Require fewer stages of expansion. No superheat is 

required to avoid wet vapour conditions in the expander exhaust. The smaller ratio between 

evaporative heating and liquid heating in the working fluid increases the amount of power that 

may be recovered from a particular heat source, dependant on the characteristics of the fluid 

chosen.  The expander (twin screw expander) operates at a low peripheral speed.  This has the 

advantage of gear free transmission resulting in long operating life, less maintenance, and 

fewer repairs [5]. Most ORC systems are essentially self running and do not need the constant 

supervision of a human operator.  

1.8 Types of cycles 

If the thermodynamic state of the fluid leaving the heat exchangers is to be considered, one 

can differentiate between trilateral flash (TFC), (figure 16), wet vapour(figure 17), saturated 

vapour, superheated vapour(figure 18) and supercritical (figure 19) vapour cycle.  

 

Figure 16 T-S diagram for TFC using R254fa 
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Figure 17 T-S diagram for wet vapour cycle using R254fa 

 

 

Figure 18 T-S diagram for superheated cycle using R254fa 
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Figure 19 T-S diagram for supercritical cycle using R134a 

The supercritical cycle will not be investigated in this thesis mainly because of increased 

requirements for heat exchangers and piping or increased sensitivity for operating conditions. 

However, Kestin et al. [7] proved, such a cycle becomes advantageous when the temperature 

of the brine exceeds 200°C .  

The superheated vapour cycle, which is advantageous and commonly implemented in fossil 

fuel power plants where water is used as a working fluid, also will not be investigated in this 

thesis. A large degree of superheat is employed in traditional steam Rankine plants for several 

reasons. First-Law thermodynamic efficiency in a steam Rankine cycle increases as the degree 

of superheat increases. The increase in efficiency is most often explained using the Carnot 

analogy whereby by increasing the average temperature of heat addition the cycle efficiency is 

increased. This behaviour can be related to the shape of constant pressure lines in the h-s 

plane. Constant pressure lines diverge for all fluids in the superheat regime. It is the rate at 

which these lines diverge that determines the impact of cycle efficiency. For a given 

incremental increase in the degree of superheat from some reference state an incremental 

efficiency can be defined as the ratio of incremental work and heat. In order for the cycle 

efficiency to increase with the degree of superheat at a particular temperature, the 

incremental efficiency must be greater than the efficiency at the reference state. Constant 

pressure lines for water diverge rapidly, leading to increased efficiency as superheat increases. 

Constant pressure lines for most organic working fluids are nearly parallel, leading to 

decreased, unchanged or marginally improved cycle efficiencies as superheat increases.  
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Note that ORC efficiency only degrades in the absence of any form of recuperation or energy 

recovery. As the degree of superheat increases for an organic working fluid, the amount of 

available energy at the expander exit also increases. Efforts to increase the average 

temperature of heat addition must always be considered along with energy recovery in order 

to optimize cycle efficiency. Therefore a significant amount of superheat added to the 

hydrocarbon working fluid has the effect of a relatively small increase of power output. Hence, 

the cycles studied here are for wet & saturated vapour admission to the expander, due to their 

practical relevance. 

1.9 Design boundary conditions 

Design boundary conditions for the model of an ORC should be carefully chosen in order to 

assure the best performance of the unit under its future operating conditions. The factors 

which effect of performance of ORC power plant in the greatest way and have to be assessed 

before the design process are, design temperature of heat source, mass flow and type of fluid 

used as a heat source. The mass flow of heat source fluid directly affects the power output of a 

plant. With all other boundary conditions fixed, optimal power capacity as well as the size of 

heat exchangers is almost proportional to the mass flow of the waste heat source. From an 

economic point of view, if the price of fuel is fixed, in almost all circumstances a high rated 

power plant is favoured over a small unit. That is because the specific cost of each component 

is dependent on its size. It is usually high for small units and decreases exponentially with the 

size. 

A solution to these two problems exists, although it is not a perfect one. It takes advantage of 

an obvious feature of standardized units. Because of identical construction and performance, 

such units can work in a parallel network, where the flow of the heat source fluid is distributed 

equally across several units. Such a design provides a chance for a close fit of designed capacity 

to the available flow. The smaller the elementary unit is, the better the achievable match will 

be. However, compromise has to be found between the close fit of supply and demand and 

increased costs caused by the small size of the elementary unit, additional piping etc. 

Other issues linked to the development of a waste heat recovery system involve assessing, 

upset conditions occurring in the plant due to heat recovery, availability of space etc. It is also 

necessary to evaluate the selected waste heat recovery system on the basis of financial 

analysis such as investment, depreciation, payback period, rate of return etc.  
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1.9.1 Standardised units  

However, waste recovery is still a challenge it would be desirable to have a system that 

effectively recovers waste heat over a wide temperature range from multiple low grade heat 

sources. Implementing process integration in the industry can be time consuming and 

complicated. Therefore, it is recommended to concentrate on simple and standard off the 

shelf solutions. The advantages of standard systems compared to custom made systems are 

that these can be designed quickly and that the heat recovery network, which is generated, is 

reliable. The duplication of simple network structures also makes it possible to reuse the 

operation and maintenance procedures. 
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1.10 Literature review 

1.10.1 Heat exchangers technologies for ORC  

In heat exchanger design, there are three types of flow arrangements: counter-flow, parallel-

flow, and cross-flow.  Compare to other flow arrangements counter flow is the most efficient 

design because it transfers the greatest amount of heat. For efficiency, heat exchangers are 

designed to maximize the surface area of the wall between the two fluids, while minimizing 

resistance to fluid flow.  

The basic designs for heat exchangers are the shell-and-tube heat exchanger and the plate 

heat exchanger, although many other configurations have been developed. Shell and tube 

heat exchangers consist of a series of tubes so that it can either provide or absorb the heat 

required. A set of tubes is called the tube bundle and can be made up of several types of 

tubes; plain, longitudinally finned, etc. The shell is inherently weaker than the tubes so that 

the higher-pressure fluid is circulated in the tubes while the lower pressure fluid flows through 

the shell. When a vapor contains the waste heat, it usually condenses, giving up its latent heat 

to the liquid being heated. In this application, the vapor is almost invariably contained within 

the shell. If the reverse is attempted, the condensation of vapors within small diameter parallel 

tubes causes flow instabilities [1]. Tube and shell heat exchangers are available in a wide range 

of standard sizes with many combinations of materials for the tubes and shells. Shell and tube 

heat exchangers are typically used for high-pressure applications (with pressures greater than 

30 bar and temperatures greater than 260 °C). This is because shell and tube heat exchangers 

are robust due to their shape.   

Another type of heat exchanger is the plate heat exchanger. One is composed of multiple, thin, 

slightly-separated plates that have very large surface areas and fluid flow passages for heat 

transfer. This stacked-plate arrangement can be more effective, in a given space, than the shell 

and tube heat exchanger. Advances in gasket and brazing technology have made the plate-

type heat exchanger increasingly practical. Research conducted by Chammas et al. [8] proved 

the possibility of using plate heat exchanger for boiler and condenser when operating with 

organic working fluids. The plate heat exchanger has been selected since it represents high 

effectiveness with a compact size and volume. The effectiveness of the heat transfer process in 

the boiler and condenser depends essentially on the mean temperature difference at which 

the heat is delivered or rejected, and the heat transfer coefficients of the working fluid on the 

both sides of the heat exchangers. 
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 Advantages  Disadvantages  

Shell and 

tube  

type 

Less expensive as compared to Plate 

type,  

Can be used in systems with higher 

operating temperatures and pressures, 

Pressure drop across a tube cooler is 

less, 

Tube leaks are easily located and 

plugged since pressure test is 

comparatively easy, 

 

Heat transfer efficiency is less 

compared to plate type, 

Capacity cannot be increased, 

Requires more space in comparison to 

plate type, 

Plate and 

frame 

type 

Simple and Compact in size, 

Heat transfer efficiency is more, 

Capacity can be increased by 

introducing plates in pairs, 

Turbulent flow help to reduce deposits 

which would interfere with heat 

transfer, 

Initial cost is high,  

Finding leakage is difficult since 

pressure test is not as ease, 

Bonding material between plates 

limits operating temperature,  

Pressure drop caused is higher than 

tube type, 

 

Figure 20 Shell and tube compared to plate and frame heat exchangers 

The exchanger's performance can also be affected by the addition of fins or corrugations in 

one or both directions, which increase surface area and may channel fluid flow or induce 

turbulence. Plate and fin type heat exchanger is constructed similar to a plate type exchanger 

but also contains fins to increase the efficiency of the system. Aluminium alloy is used as it 

gives higher heat transfer efficiency and lowers the weight of the unit. Efficiency of this heat 

exchanger is slightly higher than plate type unit but installation and maintenance cost is 

higher. 

1.10.2 Steam vs. Organic fluids 

Marques da Silva et al. [9] in his investigation of organic refrigerant mixtures for use with the 

trilaterial flash cycle, suggests that organic fluid cycles have higher cycle efficiencies than 

steam cycle for the same heat input conditions because higher fluid temperatures can be 

achieved. Hudson et al. [10] agrees that the overall efficiency of using an organic refrigerant is 

considerably higher than water at lower temperatures. Yamamoto et al. [11] designed and 

tested a Rankine cycle using water and HCFC-123 to compare. Their conclusion was that the 

organic refrigerant not only provided a higher cycle efficiency, but the lower level of superheat 

required for the organic fluid was more suited to the type of rotodynamic machinery they 

tested. 
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1.10.3 Organic fluids  

Arguably the most crucial selection for any heat engine is the working fluid with which it 

operates. All other components are based on the thermodynamic and physical properties of 

the working fluid. This is why considerable development has gone into examining such aspects 

as favourable selection criteria, the properties of fluid mixtures and the predictive modelling of 

fluid behaviour. The selection of the working fluid is critical to achieve high-thermal 

efficiencies as well as optimum utilization of the available heat source. Also, the organic 

working fluid must be carefully selected based on safety and technical feasibility. There is a 

wide selection of organic fluids that could be used in ORC applications. The economics of an 

ORC system are strictly linked to the thermodynamic properties of the working fluid.   

Hung et al. [12] has shown that the efficiency of the ORC depends on two main factors: 

working conditions of the cycle and thermodynamic properties of the working fluids. Different 

working fluids have been compared (Benzene, Toluene, p-Xylene, R-113, and R-123). Among 

these fluids p-Xylene shows the highest efficiency while benzene shows the lowest. However, 

p-Xylene presents the lowest irreversibilities when recovering high temperature waste heat, 

while R-113 and R-123 present a better performance in recovering low-temperature waste 

heat.  

Maizza et al. [13] examined the relative thermodynamic merits of some organic refrigerants 

used in low temperature ORC. They modelled using source temperatures between 80°C and 

100°C (and various sink temperatures). Isobutane (R600a) and HCFC-123 proved to be the 

most efficient. Saleh et al. [14] used alkanes, fluorinated alkanes, ether and fluorinated ethers 

as working fluids in ORC for geothermal power plants at high pressures up to 20 bars. They 

found the highest thermal efficiency was 0.13 for the high boiling substances with positive 

slope in subcritical processes (e.g. n-butane).  

Hung et al. [15] studied waste heat recovery of ORC using dry fluids. The results revealed that 

irreversibility depended on the type of heat source. Working fluid of the lowest irreversibility 

in recovering high temperature waste heat fails to perform favourably in recovering low-

temperature waste heat. Larjola et al. [16] pointed out that higher power output is obtainable 

when the temperature of the working fluid more closely follows that of the heat source fluid to 

be cooled. In other words, a system has a better performance if the temperature difference 

between the heat source and the temperature of the working fluid in an evaporator is reduced 

due to its lower irreversibility. 
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From the study of design parameters, Lee et al. [17] concluded that the temperature of 

saturated vapour in the evaporator, the condensing temperature in the condenser, the 

temperature of superheated vapour flowing out of the superheater and the effectiveness of 

the regenerator have significant effects on the economic feasibility of the ORC energy recovery 

system, and there exists an economical combination for those parameters. He also pointed out 

that the system efficiency of an ORC correlates with the fluid’s normal boiling point, critical 

pressure and molecular weight. 

Drescher et al. [18] investigated the ORC in solid biomass power and heat plants. He proposed 

a method to find suitable thermodynamic fluids for ORCs in biomass plants and found that the 

family of alkybenzenes showed the highest efficiency. Chen et al. [19] examined the 

performance of a trans-critical CO2 power cycle utilizing energy from low grade heat in 

comparison to an ORC using R123 as working fluid. They found that when utilizing the low 

grade heat source with equal mean thermodynamic heat rejection temperature, the carbon 

dioxide trans-critical power cycle had a slightly higher power output than the ORC.  

The use of waste heat from micro turbines to enhance their overall performance by integrating 

them with an ORC bottoming cycle was highlighted by Invernizzi et al. [20]. A specific analysis 

was conducted to select the most appropriate fluid capable of satisfying both environmental 

and technical concerns. With reference to a micro-gasturbine with a size of about 100 kWe, a 

combined configuration could increase the net electric power by about 1/3. This result is 

achieved by adopting esa-methyl-disiloxane (the simplest olygomer among poly-methyl-

siloxanes) as the working fluid.  

1.10.4 Cycle configurations  

Mago et al. [21] showed the potential of a regenerative ORC using dry organic fluids to convert 

waste heat to power from low-grade heat sources. The different working fluids studied were 

R-113, R-245ca, R-123, and isobutene. It was shown that using a regenerator resulted in higher 

thermal efficiency and lower irreversibilities. He also showed that using fluids with higher 

boiling temperature improved the system performance. Desai et al. [22] found that a basic 

ORC can be modified by incorporating both regeneration and turbine bleeding to improve 

thermal efficiency. They proposed a methodology for appropriate integration and optimization 

of an ORC as a cogeneration process with the background process to generate shaft-work.  

Saleh et al. [14] also presented a thermodynamic analysis of ORC’s using several working fluids 

and showed that regeneration using an internal heat exchanger improves thermal efficiency in 

the case of dry fluids. A small portion of the working fluid may be extracted from the turbine 
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and mixed with the working fluid before it enters the evaporator. Through turbine bleeding, 

the mean temperature of heat addition can be increased to increase the thermodynamic 

efficiency of the overall power generating cycle. However, it may be noted that the net shaft-

work is reduced due to extraction of the working fluid from the turbine. 

1.10.5 Optimization  

Hung et al. [12] analysed parametrically and compared the efficiencies of ORCs using cryogens 

such as benzene, ammonia, R11, R12, R134a and R113 as working fluids. The results showed 

that for operation between isobaric curves, the system efficiency increased for wet fluids and 

decreased for dry fluids while the isentropic fluid achieved an approximately constant value for 

high turbine inlet temperatures.  Isentropic fluids were most suitable for recovering low 

temperature waste heat.  Even though they compared the ORC performance with different 

working fluids and found a suitable working fluid that gave the best ORC performance, they did 

not evaluate the performance under the optimization condition. It is not easy to evaluate the 

performance of the ORC with different working fluids under different operating parameters 

because different operating parameters could result in better or worse performance. 

Therefore, it is necessary to evaluate the performance of ORCs with different working fluids 

under their optimization conditions. 

Wei et al. [23] considered the system performance analysis and optimization of an ORC system 

using HFC-245fa as the working fluid and analysed its thermodynamic performance under 

disturbances. They found that maximizing the use of exhaust heat was a good way to improve 

the system net power output. At high ambient temperatures, the system performance 

deteriorated and the net power output deviated from the nominal value by more than 30%. 

They usually used a conventional optimization algorithm to optimize the ORC. The 

disadvantage of the conventional optimization algorithm is that it is easy to converge to sub-

optimal solutions in the process of searching for the optimum, especially for complicated 

optimization problems. 

Angelino et al. [24] investigated the use of working fluids such as aromatic hydrocarbons, 

siloxane and siloxane mixtures, straight chain hydrocarbons, and aromatic perfluorocarbons 

for waste heat recovery from a molten carbonate fuel cell plant. The performance of energy 

recovery cycles using different fluids was evaluated by means of optimization software for 

different operating conditions and cycle configurations. Madhawa et al. [25] presented a cost 

effective optimum design criterion for ORC’s utilizing low temperature geothermal heat 

sources. They used the ratio of the total heat exchanger area to net power output as the 
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objective function to optimize the ORC using the steepest descent method. They observed that 

the choice of working fluid could greatly affect the power plant cost.  

1.10.6 Simulation  

Development in simulation tools for ORC systems in both steady flow and transient regimes 

have seen rapid growth in the last decade. Wei et al. [26] showed two alternative approaches 

for the design of a dynamic model for an ORC to be used for the design of control and 

diagnostics systems. The model was been developed in Modelica language and simulated with 

Dymola. The two modeling approaches, based on moving boundary and discretization 

techniques, are compared in terms of accuracy, complexity and simulation speed. Simulations 

show that the models predict the data with an accuracy of 4%. The moving boundary model is 

less complex than the discretized version, as it is characterized by smaller order and higher 

computational speed. As a result, it is more acceptable for control design applications. 

Cycle-Tempo developed by TU Delft [27] is a fully graphical program, not only the system 

configuration can be assembled as a Process Flow Diagram and data input is made by filling 

property dialog boxes but also the results are available as well ordered charts, plots and tables. 

A further important feature is the capability of performing the exergy analysis of the system. 

Such analysis provides an insight into the exergy flows and losses in sub-systems, and it is a 

fundamental tool when looking for the optimal system configuration. The main feature of 

Cycle-Tempo is the calculation of all relevant mass and energy flows in the system. Additional 

features allows for more detailed analysis and optimization of the system.  The number and 

type of components and sub-systems, and the way in which they are connected, may vary in 

each individual case. Cycle-Tempo thus leaves entirely up to the user the choice of system 

configuration. The program contains a large number of component and connection models 

that enable the user to compose almost any desired system model.  

In order to determine the optimum operating conditions, commercial software’s like 

VirtualPlant and process simulator HYSYS have been implemented to carry out thermodynamic 

analysis of the ORC and combined heat and power plants [28] [29]. Model results include 

generation capacity and heat rate, as well as mass flows and state point details. These results 

help facilitate evaluation of conceptual changes in operating and equipment condition 

parameters. These software’s can also be used to validate measured data, calculate expected 

component performance based upon actual operating conditions and recommend optimum 

set points to maximize profitability. Additionally, steady state modelling for optimizing ORC 

systems (SimORC) has also been developed by Labothap using Engineering Equation Solver 

including a library of component models that have been experimentally validated [30]. In the 
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presence of highly transient heat source they have also developed control strategies using 

Modelica language. 

1.10.7 Internal combustion engines 

An internal combustion engine in vehicle only converts roughly one third of the fuel energy 

into mechanical power. For instance, for a typical 1.4 litre Spark Ignition ICE, with a thermal 

efficiency ranging from 15 to 32%, 1.7 to 45 kW of heat is released through the radiator (at a 

temperature close to 80 - 100°C) and 4.6 to 120 kW through the exhaust gas (400 - 900°C) [3] 

[8] [31]. 

The Rankine cycle system is an efficient means for utilising exhaust gas in comparison with 

other technologies such as thermo-electricity and mechanical turbocompounding. The idea of 

coupling an ORC system to an ICE is not new. Mack Trucks [32] designed and built a prototype 

of such a system operating on the exhaust gas of a 288 HP truck engine. A 450 km on-road test 

demonstrated the technical feasibility of the system and its economic value. A 12.5% 

improvement in the fuel consumption was achieved. Systems developed today differ from 

those of the 70’s because of the advances in the development of expansion devices and the 

broader choice of working fluids [3]. 

Heavy duty truck engines can recover heat from the exhaust gas [33] [34] and, in addition from 

the cooling circuit [35]. The control of the system is particularly complex due to the transient 

nature of the heat source. However, optimizing the control is crucial to improve the 

performance of the system. For instance, Honda proposed to control the temperature by 

varying the water flow rate through the evaporator by varying the pump speed and to control 

the expander supply pressure by varying its rotational speed. Performance of recently 

developed (2007) prototypes of ORC systems is promising. For instance, the system designed 

showed a maximum cycle thermal efficiency of 13%. At 100 km/h, this yields a cycle output of 

2.5 kW (for an engine output of 19.2 kW). This represents an increase in the thermal efficiency 

of the engine from 28.9% to 32.7% [3] [33]. 

1.11 Expander  

Turbines are not particularly suitable devices for low power generation machines. So, 

volumetric machines remain the more likely candidates. A short survey conducted on different 

positive displacement machines gives their applicability in ORC process.  
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1.11.1 Rotary vane expanders 

Badr et al. [36] carried out a research program on these machines. The results of the program 

have shown that the maximum isentropic efficiency that can be achieved is up to 73% at 

rotational speed of 3000 rpm. The power produced by the vane expander was up to 1.8 kW 

with R-113 as working fluid. The inlet temperature and pressure of the tested vane expander 

were approximately 125°C and 625 kPa. The pressure ratio achieved was 2.79. The major 

problem encountered when using a rotary vane expander was the achievement of adequate 

lubrication of the internal rubbing surfaces. The presence of insufficient lubricant resulted in 

severe damage due to wear of the components, and resulted in poor isentropic efficiencies.  

1.11.2 Scroll expanders 

In the last decades, many researchers have evaluated the performance of scroll compressors 

operating in the expander mode. Yanagisawa et al. [37] investigated the use of a scroll 

compressor for air expansion; the volumetric and adiabatic efficiencies of the tested expander 

were 76% and 60% respectively with a pressure ratio of 5. A steam scroll expander was tested 

by Kim et al. [38]. Results show volumetric efficiency of 52.1%, the scroll expander was 

designed to operate at a pressure ratio of 5.67, a rotational speed of 2317 rpm, and a rated 

power output of 15 kW. Kane et al. [39] developed a small hybrid solar power system 

operating with two superposed scroll expanders. The working fluids for the tested expander 

were R-123 and R-134a. The first expander operating with R-123 was designed to generate 5 

kW with a built in volume ratio of 2.3. The second expander operating with R-134a was 

designed to deliver 8 kW with the same built in volume. The expander efficiencies measured 

up to 68%. Lemort et al. [40] tested three different types of expanders suitable for recover 

Rankine cycle. The three expanders had swept volumes of 148, 98, and 60 cm3 respectively and 

corresponding internal built in volume ratio close to 4.1, 3.1, and 2.6. Results show that the 

best results were obtained from the expander having the highest built-in volume operating 

with steam, when the measured isentropic efficiency was 55% and the highest delivered 

mechanical powers achieved with the same expander was approximately 3 kW.  

1.11.3 Screw expanders 

Helical screw machines offer the advantage of simple architecture. Steidel et al. [41] reported 

the performance of a Lysholm helical screw expander with an isentropic efficiency up to 32.4% 

with a pressure ratio of 7.1, and a mechanical shaft power output of 32.7 kW. One method for 

improving the efficiency of an ORC is to further improve the adiabatic efficiency of the unit 

used to extract power from the pressure difference of the working fluid. There had not been 

the progress needed to begin to achieve this until the last decade. Smith et al. [4] developed a 
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twin screw expander that worked well, and the isentropic efficiency obtained in their studies 

reached values higher than 70%. This was based on the use of new rotor profiles that was 

made possible by progress in manufacturing and advanced computer simulation of the 

expansion process.  This followed from earlier studies that analysed screw machines working 

as compressors [42] [43]. These machines have the advantage of not requiring oil flooding 

while maintaining direct rotor contact.  This also, minimises the internal leakage due to 

clearance between the screws and the casing. As new working fluids are tried to increase 

overall heat engine efficiency, so too are new ways to exploit their benefits through new 

expander designs.   

In the range of power output from 1 to 10 kW, scroll expanders represent the best solution by 

their operating performance and reliability. On the other hand, the rotary vane expander can 

be another option when the required power output is lower than 2 kW.  The screw expander 

has the capability of delivering high power outputs above 20 kW. The oil-free twin screw 

expander appears to be the most promising concept among the assessed technologies, 

regarding its reliability and acceptable expansion ratio. Such a machine requires some 

modification to change its mode of operation from compression to expansion mode.  

1.12 Existing Applications 

After a thorough search, few key companies were reviewed that use ORC technology in their 

products. Some of these companies specifically target waste heat from diesel engines while 

others were broader in their application. The companies reviewed were UTC Power, Turboden, 

Ormat, Barber-Nichols, Global Energy & ElectraTherm [3] [44] [45] [46] [47]. 

Honeywell: Manufactures an ORC working fluid called Genetron 245fa (1,1,1,3,3-

pentafluoropropane), a nonflammable liquid with a boiling point slightly below room 

temperature at standard one atmosphere air pressure. It is not considered a volatile organic 

compound, has zero ozone depletion and global warming potential, and is environmentally 

safe. It has better heat transfer characteristics than standard HFCs. Genetron 245fa is a good 

choice for waste heat recovery from low-pressure steam systems.  

UTC Power: A United Technologies Co., has developed the Pure Cycle power system utilizing 

ORC technology. The PureCycle power system is an electric power generating system which 

runs off any hot water resource at temperatures as low as 90°C. The hot water can be derived 

from a geothermal source or other waste heat source. Currently this ORC unit is sized at 280 

kW (gross) of electrical power. One of these is commercially running at Chena.  



 

29 
 

Turboden: Turboden is an Italian company that specializes in ORC technology. They have 

combined heat and power systems in established sizes ranging from 200 kW to 2000 kW. They 

also have heat recovery systems that range from 500 kW to 1500 kW. The company can also 

build custom sizes but currently do not manufacture any under 500 kW for applications 

requiring a single unit. They have installed many units, mostly in Europe and in the biomass 

industry.  

Each module is easy to transport and ready to install. It is built on a single skid-mounted 

assembly, and contains all the necessary equipment for electrical production (evaporators, 

condensers, piping, working-fluid reservoirs, feed pumps, turbine, electric generator, control, 

and switch-gear). Larger systems can be constructed from multiple modules. An optional 

regenerator is added for higher temperature applications, such as biomass-powered CHP 

facilities. 

Ormat Technologies Inc: Ormat is the world leader in ORC technology. They have successfully 

installed ORC units around the world. They specialize in geothermal power, recovered energy 

generation, and remote power units. Their units range from 200 kW to 22 MW for the 

recovered energy generations units for waste heat recovery. Their remote power units range 

in size from 2-45 kW.  Ormat’s energy converter utilizes a hermetically sealed ORC generating 

system, which contains only one smoothly rotating part the shaft driving the turbine’s 

alternator rotor. Defined as a closed-cycle vapour turbogenerator, it is a self-contained power 

package suitable for tapping into waste heat from remote locations. The Heidelberg cement 

AG plant in Germany operates a turnkey Ormat system generating 1.5 MW from a heat 

recovery system. Operation of the power plant results in a reduction of 7,000 tons of CO2 

emissions each year. The Minakami Tsukiyono-Niiharu Sanitary facility in Japan uses an Ormat 

system to generate 550 kW of electricity from the burning of refuse-derived fuel. A 1.3-MW 

Ormat generator is used by the Shijiazhuang Heating and Power Plant in China to create 

electricity from waste heat recovered from flue gases. 

Barber Nichols Inc: A Colorado manufacturer of high-performance specialty turbo-machinery, 

has been designing and building ORC systems since 1970. BNI has built and operated 

numerous geothermal and solar energy systems utilizing ORC engines. They have experience 

building waste heat applications but on an industrial scale. Two of their geothermal plants are 

located in California. The plants utilize relatively low-temperature geothermal water (115°C) to 

produce electricity (700 kW and 1.5 MW) that is sold to the local utility. As with most ORC 

systems, these units operate continuously without the need for a human operator. 
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Global Energy: Global Energy has developed the Infinity Turbine, an ORC turbine built for 

waste heat and geothermal applications. While there are numerous potential uses for this 

turbine, one that is specifically being targeted uses diesel engine exhaust. According to the 

website, the Infinity Turbine consists of a single skid-mounted assembly that fits in the 

standard 20 or 40 foot ISO standard shipping container. All the equipment required for the 

power skid to be operated (i.e. heat exchangers, piping, working fluid feed pump, turbine, 

electric generator, control and switch-gear) fit into the container. A price of $60,000 was 

reported for the 30 kW with a delivery time of 11 weeks. 

ElectraTherm: Nevada based ElectraTherm launched an ORC unit that captures waste on a 

smaller scale and have further plans to produce units ranging from 30-65 kW. The 

ElectraTherm Heat to Power Generation System captures waste heat from almost any 

geothermal or industrial source. Built on a skid, it's both modular and mobile. Automated 

control systems permit unattended operation resulting in low operation and maintenance 

costs. Using patented technology, it requires minimal heat (about 90°C liquid). ElectraTherm 

operates 12 Green Machines internationally. The latest price was reported around $2400-

$2700 per kW. 
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Manufacturer Application Power 

range 

(Kw) 

$/kW Heat 

source 

(°C) 

Expander 

Technology 

Delivery 

time 

UTC Power WHR, 

Geothermal 

200+ 1250 Greater 

than 95 

Carrier 

turbine 

8 weeks 

Turboden CHP, 

Geothermal, 

Solar, 

Biomass 

250-

10000 

n/a 90-350 Axial 

turbines 

n/a 

Ormat WHR, 

Geothermal, 

Solar 

200-

72000 

n/a 150-300 n/a n/a 

Infinity 

turbine 

WHR, 

Geothermal 

10-90, 250 

& 500 

2000 70-120 Cavitations 

disk 

turbine 

11 weeks 

ElectraTherm WHR 30-65 2400 88-116 TSE 12 weeks 

 

Figure 21 Result of ORC survey 

 

 

Figure 22 Reported efficiency vs. waste heat source temperature curve for commercial 

systems 
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Chapter 2 Working fluid  

2.1 Introduction  

With some of the general differences between water and organic fluids established, it is 

possible to examine the properties that drive organic fluid selection for particular applications. 

The proper choice of working fluid in the ORC is of key importance as it has a major effect on 

the performance of the unit. Because of the low temperature of the heat source, 

irreversibilities occurring in heat exchangers are very harmful to the overall efficiency of the 

cycle. These inefficiencies are highly dependent on the thermodynamic properties of the 

working fluid. A basic requirement for organic working fluids used in ORC power plants is that 

the pressure of the working fluid in each phase of the cycle should be higher than the 

atmospheric pressure. It eliminates the risk of air leakages into the cycle. Such inflows are 

difficult to notice and very dangerous for power plants.  

The range of organic fluids is such that there are hundreds of working fluids in the market. 

However, the available pool of refrigerants narrows down significantly, once cost and 

environmental standards are considered. Because of the zero ozone depletion potential, HFCs 

have been predominantly chosen as alternative refrigerants replacing CFCs and HCFCs. Since 

HFCs have a high global warming potential there is still a search for the next generation 

refrigerants that might have better cycle performance. Another characteristic that must be 

considered during the selection of an organic fluid is its saturation vapour curve. This 

characteristic affects the fluid applicability, cycle efficiency, and the arrangement of associated 

equipment in a power generation system. The working fluids of dry or isentropic type are more 

appropriate for ORC systems as they do not need superheat and show better thermal 

efficiencies.  
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2.2 Desired properties 

There are numerous properties that should be considered for the design and selection of 

working fluids for ORC processes. Important factors of the working fluids needed to be 

considered are listed below [3] [6] [9] [12] [14] [15] [48] [49] [50] [51] [52]: 

Ozone depletion potential: The ozone depletion potential is an index that determines the 

relative ability of chemical substances to destroy ozone molecules in the stratosphere hence 

working fluids with low or zero ozone depletion potential are required.  

Global warming potential: The global warming potential is an index that determines the 

potential contribution of a chemical substance to global warming. Hence, the refrigerant 

should have low environmental impact and greenhouse warming potential.    

Toxicity of working fluid: All organic fluids are inevitably toxic. A working fluid with a low 

toxicity should be used to protect the personnel from the threat of contamination in case of 

fluid leakage. Hence, the determination of the toxicity of the designed working fluids is 

important for human safety reasons. 

Availability and cost: Traditional refrigerants used in ORC’s are expensive. This cost could be 

reduced by a more massive production of those refrigerants, or by the use of low cost 

hydrocarbons. The fluid selected has to be commercially available from several suppliers at an 

acceptable cost. 

Vapour curve: The preferred characteristic for low temperature ORC is the isentropic 

saturation vapour curve, since the purpose of the ORC focuses on the recovery of low grade 

heat power, a superheated approach like the traditional Rankine cycle is not appropriate. In 

the case of a positive slope saturation curve, the fluid has to be cooled down at the exhaust of 

the expander before entering the two phase state. If economical this can be done by the use of 

a regenerator between the exhaust of the pump and the exhaust of the expander. 

Density: This parameter is of key importance, especially for fluids showing a very low 

condensing pressure. The density of the working fluid must be high either in the liquid or 

vapour phase. High liquid or vapour density results to increased mass flow rate and equipment 

of reduced size. 

Chemical stability: Under a high pressure and temperature, organic fluids tend to decompose, 

resulting in material corrosion and possible detonation and ignition. Thermal stability at 

elevated temperature is thus a principle consideration in working fluid selection. 
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Pressures: The maximum operating pressure required in the ORC process should be 

appropriately chosen for example, high pressure processes require the use of expensive 

equipment and increasing complexity but also high pressure implies high densities and hence 

smaller heat exchanger and expander. Particular consideration is given to condensing pressure 

and volume as they are directly related to cycle operation and maintenance and equipment 

size.  

Compatible with lubricating oil: Organic fluids must coexist with lubricating oil.  The selection 

of a suitable oil requires careful consideration of the desired physical and chemical properties, 

as well as the working fluid and materials of construction to be used. Numerous investigations 

of the behaviour of oils in contact with organic fluids have been conducted. In general, studies 

have shown that some oils are more stable toward organic fluids than others, with increased 

temperature accelerating the refrigerant-oil reaction. The reaction rate is also dependent on 

the kinds of metal in contact with the oil and organic fluid, the amount of air and moisture 

present, and the additives present in the oil. When in contact, an organic fluid and lubricating 

oil have a property known as mutual solubility. Organic fluids may be classified as completely 

miscible, partially miscible, or immiscible according to their mutual solubility relations with 

lubricating oils.  

Material Compatibility: The working fluids should be non-corrosive to the more common 

engineering materials used for the different components of the ORC such as pipes, heat 

exchangers, seals etc. 

Flash point: A working fluid with a high flash point should be used in order to avoid 

flammability.    

Specific heat: The liquid specific heat should be high meaning that less preheating is required. 

Thermal conductivity: A high conductivity represents a better heat transfer in heat-exchange 

components. The thermal conductivity must be high in order to achieve high heat transfer 

coefficients in both the employed condensers and vapourisers. 

Viscosity: The viscosity of the working fluid should be maintained low in both liquid and 

vapour phases in order to achieve a high heat transfer coefficient with reduced power 

consumption. Working fluid liquid and vapour viscosities have to be low to minimize frictional 

pressure drops and maximize convective heat transfer coefficients. 

Melting point: The melting point temperature should be lower than the lowest ambient 

operating temperature in order to ensure that the working fluid will remain in the liquid phase. 
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Mass flow rate: The mass flow rate of the working fluid should also be low in order to maintain 

reduced operating costs. 

Condensing pressure: The working fluid condensing pressure should be higher than the 

atmospheric pressure to avoid leakage of air into the system.   

Triple point: The triple point should be below the minimum ambient temperature to ensure 

that the working fluids will not solidify at any operating temperature or when the system is 

shut down. 

Enthalpy variation: The working fluid enthalpy reduction in the expander should be large to 

increase the efficiency of the thermodynamic cycle and to minimize the flow rate of the 

working fluid. 

Vapour specific volume: Vapour specific volume at saturation (condensing) conditions give an 

indication of condensing equipment size. Noticing that organic fluid vapour volume varies by 

three orders of magnitude between n-pentane (vapour specific volume 0.4m3/kg at 30°C) and 

n-dodecane (vapour specific volume 400m3/kg at 30°C) highlights the importance of this 

information in selecting the working fluid. Organic fluids with low saturation vapour volumes, 

like n-pentane, require smaller condensing equipment and contribute to the choice of these 

working fluids for applications where minimizing size and complexity is a priority.  

Heat capacity: A low value of the heat capacity of the liquid leading to ds/dT ~ 0 for the 

saturated liquid line and a high ratio of the latent heat of vaporization to the liquid heat 

capacity are favourable. Those properties reduce the amount of heat required to raise the 

temperature of the sub-cooled liquid to the saturation temperature corresponding to the 

boiling pressure. Operating with finite heat sources, a high heat capacity of the liquid can lead 

to a higher recovered energy from the heat source and then increases the total efficiency of 

the cycle.  

Thermodynamic performance: The efficiency of an ORC is a well known process performance 

indicator that provides a valid assessment of the potential production of power from the 

process. The efficiency and/or output power should be as high as possible for the given heat 

source and heat sink temperatures. 
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Thermodynamic Environmental  Safety  Process related 

Density,  

Latent heat of 

vaporization, 

Liquid heat capacity,  

Viscosity,  

Thermal conductivity,  

Melting point 

temperature, 

Critical temperature 

Ozone depletion 

potential, 

Global warming 

potential  

Toxicity,  

Flammability  

Efficiency,  

Maximum operating 

pressure, 

Critical pressure 

 

Figure 23 Criteria list for evaluation working fluids 

2.3 Screening method 

There are a number of practical issues mentioned above that take precedence over 

thermodynamic considerations. Any of these can eliminate a fluid from contention regardless 

of its thermodynamic merit.  

In the first phase, the different candidates should be compared using environmental and 

safety criteria. The working fluid should be rejected in phase 1 if the ODP is higher than zero or 

GWP > 1300 (corresponding to the GWP of R-134a, which is one of the most used refrigerants). 

The safety criterion leads to elimination of highly toxic working fluid such as toluene and 

benzene, which will be eliminated in first phase.  

All other working fluids should be taken as potential working fluids but special care has to be 

taken in the designing of the ORC system by limiting the volume of the working fluid in the 

system or designing an indirect system with different separate loop using heat transfer fluid to 

carry in and out the heat from the ORC system when the selected working fluid presents high 

flammability characteristics. 

The remaining fluids shall than be ranked on the basis of their thermodynamic properties in 

phase 2, the working fluids should be rejected if they do not fulfil important criteria’s like, 

working fluid with a critical temperature higher than 80°C, triple point lower than 0.1°C. 

Working fluids with saturation pressure at the condensing temperature lower than or higher 

than a particular limit (which is limited by the mechanical stresses which could be withstand by 

the condenser technology) should be eliminated so as to limit the risk of air infiltration or to 
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eliminate working fluids with high pressure at the condenser, which affects the cost of the 

condenser. The critical pressure and temperature limitation is imposed by the maximum 

operating pressure of the plate heat exchanger used for boiler design. This type of heat 

exchanger is used because it is the most suitable technology available on the market for ORC 

application. 

The remaining fluids shall be ranked in phase 3 depending on their thermodynamic cycle 

efficiency. All fluids which result in a cycle efficiency lower than 5% for 95°C waste heat source 

and 25°C for coolant will be rejected. The working fluids selected for illustrating the screening 

calculation of phase 3 are: R124, R134A, R245fa, Pentane and Butane. These fluids have not 

been rejected after phases 1 and 2 of the screening method and the calculation of their 

thermodynamic efficiency is performed using power plant performance prediction program 

(P5) which is the developed software under FORTRAN calling Refprop 8.0 for the calculation of 

the thermodynamic properties of the different working fluids.  

 R245fa R124 R134a Butane Pentane 

Molar mass (kg/kmol) 134.05 136.48 102.03 58.122 72.149 

Triple point temperature (°C) -102.1 -199.15 -103.3 -138.26 -129.68 

Normal boiling point temperature (°C) 15.14 -11.963 -26.074 -0.49 36.06 

Critical point temperature (°C) 154.01 122.28 101.06 151.98 196.55 

Critical point pressure (bar) 36.51 36.243 40.593 37.96 33.7 

Critical point density (kg/m³) 516.08 560.0 511.9 228.0 232.0 

 
Figure 24 List of working fluids selected and their properties 

Figures 25 & 26 show cycle efficiency vs. waste heat source inlet temperature & net power 

output vs. waste heat source inlet temperature comparison for the 5 selected fluids. As the 

simulations aim at explaining the real conditions, calculations do take account of the efficiency 

of particular equipment, the heat loss and the impact of the pressure drop in particular heat 

exchangers. Figure 25 & 26 show different working fluids at subcritical state and variable waste 

heat source temperature, the maximum reachable system efficiencies for a heat source with 

an initial temperature of 85°C, which is cooled down by a coolant initially at 25°C. It can be 

seen, that R245fa gives favourable efficiencies and net power calculations. (Assumptions for 

the calculations, efficiencies (%) TSE=75, gearbox=95, generator=92, feed pump=70; pressure 

drop (Bar) WHS boiler=0.15,  coolant condenser=0.02; heating medium as water at 10 Kg/sec; 

pinch point 5, & condenser temp rise 10°C) 
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Figure 25 Cycle efficiency vs. waste heat source inlet temperature comparison for few 

working fluids 

 

Figure 26 Net power output vs. waste heat source inlet temperature comparison for few 

working fluids 



 

39 
 

2.4 R245fa 

No fluid has been identified to date, which will satisfy all the criteria mentioned above. It is 

possible to draw a list of working fluids that have been considered as possible candidates or 

have been used in operational ORC systems. Some refrigerants satisfy the above mentioned 

criteria more than the others. One such refrigerant is R-245fa. An application development 

guide released by Honeywell gives some of the properties of R-245fa and also some of the 

applications of this refrigerant as the working fluid. Theoretical analyses (figure 25 & 26) also 

show that R245fa is an effective working fluid for low temperature ORC systems. It shows high 

power-generating ability, high economical efficiency and an acceptable environmental effect in 

the low-temperature range [14] [53].  

R245fa, even if eliminated due to its slightly lower efficiency, remains as a candidate since it is 

commonly used in many operating ORC systems and seems to be a promising working fluid. 

R245fa possesses its own advantage in the operation of the low-temperature ORC system. 

Compared with pentane, R245fa’s advantage is the non-flammability, thus the safety of the 

system is certifiable [54].  

The use of R245fa would provide favourable heat transfer and transport properties (high heat 

exchanger efficiency and low pump power requirements). The ratio of heat transfer coefficient 

to friction factor signifies the heat transfer performance efficiency (one wants to maximize 

heat transfer and minimize fluid friction or pumping power). Figure 27 illustrates that R245fa 

has a higher heat transfer coefficient to friction factor ratio than many other commercially 

available heat transfer fluids. 
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Figure 27 Performance of heat transfer fluids (source: Honeywell) 

Pekasol is a registered trademark of proKuhlsole,  
Hycool is a registered trademark of Norsk Hydro,  
Dowfrost is a registered trademark of The Dow Chemical Company & Tyfoxit. 
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Chapter 3 Modelling (Global model) 

3.1 Introduction 

The ability to model ORC equipment and complete ORC plant is essential for optimizing the 

performance and consequently cutting down costs. For many years, computer models have 

been important tools in this area. Designing ORC power plant is a highly domain dependent 

task. It requires a balanced study of three major considerations, namely: the decision about 

the plant lay out (choice of components and their dispositions); the planning of the plant 

operational requirements (provision for maintenance and upratings); and the variation of 

external conditions (changing waste heat source and electric prices).  

Depending on the system complexity and the scope of a particular research different 

approaches can be involved. At least the following components must be included, preheater, 

evaporator, expander, condenser, pumps and connection lines. To specify any unit, 

parameters like inlet and outlet streams and operating pressure/temperature should be 

known. 

3.2 Model background 

Power Plant Performance Prediction Program or P5 is an ORC mathematical model built by 

connecting the models of its different main components. It is then used for simulation and 

analysis in this study. The model was designed for screening of potential power cycle 

configurations and detailed design optimization and analysis. Material requirements of the 

evaporator are more stringent as the working fluid becomes superheated, and a lower thermal 

conductivity of the superheated vapour would result in a lower heat transfer rate as compared 

with the saturated vapour. Hence, due to economical feasibility and technical simplicity a wet 

vapour cycle was considered with a variable expander exit dryness fraction to a maximum 

value of X=0.99. Equations that describe the performance of each cycle component were 

developed and the coupled equations are solved to provide a steady state operating point that 

can be analysed to determine the performance potential of the optimum designed cycle. The 

energy balance for each component and isentropic efficiency definitions are applied in order to 

determine states of the working fluid and then evaluate the specific net output and the cycle 

efficiency.  
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Figure 28 Schematic ORC system layout for the simulated case 

Problem definition: Generating a good design for an overall ORC power plant, maximising 

annual profit or power output or minimising capital cost while satisfying the given design 

constraints.  

The optimisation problem is subject to constraints, which can be physical or logical constraints. 

The former includes constraints like mass and energy balances, minimum temperature 

difference and the capacity limits of equipment. Most of these constraints can be modelled 

using continuous variables. The logical constraints represent structural and operability issues 

and involve binary variables.  

Interactivity: The major subsystems of an ORC power plant include the heat exchanger 

systems, expander and pumps.  These are strongly interlinked. This interconnectivity makes it 

difficult to decompose the design problem into separate sub problems without sacrificing the 

solution quality. For best results, all the subsystems must be optimised simultaneously, but 

this will inevitably increase the size of the problem, and hence the difficulty of solving it. 

Thermodynamic data: One of the challenges in building optimisation models for ORC plants is 

the modelling of thermal properties of fluids. This problem is greatly simplified by employing 

REFPROP version 8 property routines.  
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Auxiliary equipment: Other cycle components simulated in the code are the pumps for water 

circulation and reinjection. 

Numerical simulation model: P5 model requires the following design parameters or 

equipment performance factors to identify a steady-state operating point: 

 Pinch point temperature for all heat exchangers  

 Waste heat source mass flow rate, temperature, specific heat 

 Component pressure drops 

 Pump, expander, generator efficiencies 

 Coolant supply specific heat, temperature & temperature rise  

Finite size thermodynamics: The objective of the finite size thermodynamics optimization is to 

determine the operating conditions which minimise the total UA/net power output (where UA 

is the product of the overall heat transfer coefficient and the surface area) of the two heat 

exchangers. This parameter is directly related to the heat exchangers’ surfaces and is often 

used to give a global idea of their dimensions. 

Program Execution: 

 The pressure and temperature changes are calculated using pressure-drop and heat-

transfer correlations, which involve thermodynamic properties of the refrigerant.   

 The circulating mass flow rate was determined by heat balance.  

 The pump and expander exit were calculated based on two steps firstly, calculation of 

the isentropic expansion end point then, calculation of the real expansion end point.  

 The water cooled condenser model predicts the condensing pressure, given the inlet 

coolant temperature, pinch point and assumed temperature rise. 

 It must be emphasized that feed pump & expander pressure changes influence the 

outlet stream temperature. In the case of the expander temperature decrease, it is 

associated with isentropic expansion. The pump always increases the temperature 

while operating in the power cycle. For the pump, the temperature change is small 

compared to the expander but it is not neglected in the analysis. 
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3.3 Irreversibilities  

Two common sources of irreversibilities are friction loss & undesirable heat loss to the 

surroundings.  

In the feed pump: Electromechanical losses and internal leakage transform a part of the useful 

work into friction (Figure 29).  

During expansion: Only a part of the energy recoverable from the pressure difference is 

transformed into useful work. The other part is lost due to leakage, friction and heat loss. The 

efficiency of the expander is hence defined by comparison with an isentropic expansion (Figure 

30). 

In heat exchangers: The tortuous path taken by the working fluid in order to ensure good heat 

exchange causes pressure drops and lowers the amount of power recoverable from the cycle. 

The pressure drops and heat loss to the surroundings increases with the size of the heat 

exchanger and results in higher pumping costs. 

 

Figure 29 T-S diagram for feed pump representing losses 
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Figure 30 T-S diagram for expander representing losses 

 

Lines model: Fluid friction not only causes pressure drop in the boiler & condenser but also in 

the piping between the various components. Piping on an ORC process plant does more than 

run in a straight line.  Pipe runs consist of straight lengths of pipe punctuated by any number of 

fittings including bends, valves and T-pieces.  These impose a pressure drop as they: 

 Change the fluid flow direction 

 Change the size of the cross-sectional flow path, causing the fluid to either accelerate 

or de-accelerate 

 Present an obstruction in the flow path 

Often, pipe fitting pressure losses make up a sizable chunk of the total system pressure drop.  

Pipe fittings can’t be ignored when estimating pressure drops in pipe work. The pressure drops 

and the ambient losses of the piping lines are also modelled. Two lines are taken into account:  

 The pipe work between the pump & evaporator  

 The pipe work between evaporator & expander 
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Figure 31 Losses during transporting fluid in the ORC 

The size of the other lines being very small, the ambient losses and the pressure drops are 

neglected. Pipe loss causes deviations from ideal cycle as: 

 The friction in pipe leads to entropy increase 

 If heat loss also exists, it reduces the entropy from point b to c (figure 31) 

The effect of the irreversibilities in the cycle is therefore a reduction of cycle efficiency and of 

useful work output. 

3.4 Assumptions for the model 

The foregoing analysis includes many assumptions and simplifications. Some of them could not 

have been avoided due to time limitations and the overall complexity of the problem. 

Assumptions for the model include: 

 Constant temperature of the waste heat source at inlet  

 Constant specific heat of the waste heat source fluid 

 Pure counter current flow in heat exchangers 

 Constant overall heat transfer coefficient for pre-heater, evaporator & condenser  
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 Pressure drop of working fluid in pre-heater & evaporator assumed to be between 0.2 

and 0.6 bar  

 Pressure drop of working fluid in condenser was assumed to be between 0.1 and 0.4 

bar 

 The cooling water temperature rise in the condenser was assumed to be 10°C 

 The pinch point temperature difference for all the heat exchangers was assumed to be 

5°C 

 Changes in the kinetic and potential energy of the internal and external fluid streams 

are negligible 

 Heat losses in the heat exchangers are neglected.  Hence, the rate of heat transfer to 

the working fluid is equal to that extracted from the heat source 

 Pressure drops and component efficiencies provided by the manufacturer are treated 

as typical and were kept constant for all optimization cases. 

 Preheater: the working fluid leaves the preheater as saturated liquid (x = 0) 

 Evaporator: the working fluid leaves the evaporator as saturated vapour (x=1) when 

considering superheated case. 

 Condenser: working fluid exits the condenser as saturated liquid (x = 0) 

3.5 Global model  

Identification of the parameters 

The model contains 3 types of parameters: 

 Known parameters: These parameters are given by the manufacturer or available in 

literature (This is the case for the expander efficiency).  

 Calculable parameters: These parameters can be evaluated (This is the case for the 

heat transferred in the boiler). 

 Calculation dependent parameters: The known parameters values are fixed and the 

calculable parameters are found. The calculation dependent parameters are then 

predicted from these values. (This is the case for the expander inlet dryness). 
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Figure 32 Power plant performance prediction program 

(Global model methodology, source: University of Liege) 

In order to simulate the whole cycle, the different models explained later are connected 

together. Each component is supposed to impose one or several outputs (figure 32): 

 Heat transfer across the evaporator is determined by the evaporator configuration and 

by the temperature and flow rate of the waste heat source 

 Pressure drops are mainly a function of the heat exchanger geometrical characteristics 

and of the flow rate 

 The pump imposes the refrigerant mass flow rate 

 The evaporator imposes the expander inlet dryness fraction  

 The condenser imposes the pressures at expander exhaust and pump supply  

 Liquid subcooling at the condenser exit is defined as a model input  
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Figure 33 Input & output parameters for the P5 ORC model 

Input module  

 Refrigerant type: R245fa 

 Mass flow rates and supply temperatures of waste heat source in the evaporator is 

10kg/sec & 100°C 

 Supply temperatures of coolant in the condenser is 25°C  

 Pump efficiency 70%  

 Generator efficiency 92% 

 Expander  efficiency 75% 

 Pressure drop between 0.2 and 0.6 bars  

Calculation module  

 The energy balance determines the mass flow rate of the working fluid, temperature 

and pressure at each point 

 For the heat exchanger, the model gives the UA and then the area needed by 

calculating U (optional) 

 All state points were calculated using REFPROP version 8, developed by NIST 
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Optimization Module 

To maximize the economic competitiveness of ORC systems it is essential to optimise their 

design. From a thermodynamic point of view for an ORC unit, the reduction of heat sink 

temperature raises the thermal efficiency of the cycle. Thus, the working fluid should be 

chosen in a way that, even for the lowest annual temperatures, its condensation pressure 

exceeds atmospheric pressure.  

The optimal operating point of such an ORC power plant can be approached in two ways 

firstly, for a given investment it’s the point at which maximum power is generated. If it is 

assumed that the total power plant cost is some function of its physical size (UA), then an 

optimally designed ORC plant will always operate at the maximum power condition. 

Alternatively, the aim is to minimise the cost per unit output. Unlike the traditional case, there 

is no recurring fuel cost to complicate optimization, so these maximum power points reflect 

true optimal for the defined operating conditions.  

P5 demonstrates the fundamental relationship between power output, efficiency and heat 

exchanger conductance (surface area function, UA). The two parameters used for the 

evaluation of the performances are the net output power and the cycle efficiency. The 

objectives of the optimization can be two fold: 

 Maximization of the total efficiency of the ORC plant 

 Minimization of the cost of the ORC plant 

Since the cost of the heat exchanger and the condenser constitute a major part of the plant 

cost, for optimizing purposes we can substitute the plant cost by their cost. So the new goal 

can be to minimize the cost of the heat exchanger and the condenser which is proportional to 

their surface. In such case the analysis will maximizes the profitability, rather than the 

efficiency, of a given ORC by combining plant heat balances with a plant financial model. 

Output module 

This provides information to generate the optimum design for new ORC plant, or, to make the 

right modifications to an existing plant, one can precisely predict plant performance to 

determine the optimal way to run an ORC. Output data includes: 

 Expander shaft power 

 Net power out put  

 Cycle efficiency  
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Chapter 4 ORC components & modelling sub-routines 

4.1 Boilers  

Plate heat exchangers are a series of individual plates pressed between two heavy end covers. 

The entire assembly is held together by the tie bolts. Individual plates are hung from the top 

carrying bar and are guided by the bottom carrying bar (figure 34). The working principle 

states that the plate heat exchanger consists of a series of thin, corrugated plates that are 

gasketed, welded together or brazed together depending on the application. The plates are 

compressed in a rigid frame to create an arrangement of parallel flow channels with 

alternating hot and cold fluids. Due to corrugations in the plate, highly turbulent flow increases 

the heat transfer rate. All plate heat exchangers look similar on the outside. The difference lies 

on the inside, in the details of the plate design and the sealing technologies used.  

 

Figure 34 Plate heat exchanger (source: Nordic group) 

The plate heat exchanger is the most widely used configuration in geothermal and waste heat 

recovery systems of recent design. A number of characteristics particularly attractive to 

geothermal and waste heat recovery applications are responsible for this [55] [56] [57] [58]. 

Among these are: 

 Superior thermal performance: plate heat exchangers are capable of nominal 

approach temperatures of 5°C compared to a nominal 10°C for shell and tube units. In 
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addition, overall heat transfer coefficients (U) for plate type exchangers are three to 

four times those of shell and tube units. 

 Availability of a wide variety of corrosion resistant alloys: Since the heat transfer area 

is constructed of thin plates, stainless steel or other high alloy construction is 

significantly less costly than for a shell and tube exchanger of similar material. 

 Ease of maintenance: The construction of the heat exchanger is such that, upon 

disassembly, all heat transfer areas are available for inspection and cleaning. 

Disassembly consists only of loosening a small number of tie bolts. 

 Expandability and multiplex capability: A plate heat exchanger consists of a 

framework containing several heat transfer plates. It can easily be extended to 

increase capacity. (This only applies to gasketed heat exchangers, and not to brazed 

units.) In addition, two or more heat exchangers can be housed in a single frame, thus 

reducing space requirements and capital costs. 

 Compact design: The superior thermal performance of the plate heat exchangers and 

the space efficient design of the plate arrangement results in a very compact piece of 

equipment. Space requirements for the plate heat exchanger are generally 10% to 50% 

that of a shell and tube unit for an equivalent duty.  

 Thin material for the heat transfer surface: This gives optimum heat transfer, since 

the heat only has to penetrate thin material. 

 High turbulence in the medium: The corrugated design of plates assures rigidity, at 

the same time, it enhances the turbulence performance and maximizes the flow 

distribution. The consequence of this higher heat transfer coefficient per unit area is 

not only a smaller surface area requirement but also a more efficient plant. The high 

turbulence also gives a self cleaning effect. Therefore, when compared to the 

traditional shell and tube heat exchanger, fouling of the heat transfer surfaces is 

considerably reduced. This means that plate heat exchangers can remain in service far 

longer between cleaning intervals.  

4.1.1 Assessments of possible plate heat exchanger technologies 

From a thermodynamic point of view, a one pass design is preferred because it is the only one 

that gives pure countercurrent flow. In the design of heat exchangers, not only the 

construction and size, but also the material being used is of a high importance. The most basic 

and the cheapest kind of steel used for heat exchangers is carbon steel. However, it cannot be 
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used in some cases. In geothermal systems, where the pH of brine is often highly acidic, carbon 

steel, with its corrosive nature, is not the right choice. In individually designed units, special 

corrosion analysis should be made before the material for heat exchangers is chosen. In 

universal power plants, in order to avoid problems with corrosion, to ensure longer service life 

and low operating costs, it is advised to choose a more expensive but fouling-resistant 

material. Nickel alloys are considered to be highly corrosion-resistant materials. However, 

because of their high price they are used only with very corrosive, high-temperature fluids. For 

heat exchangers which handle chemically aggressive geothermal fluid, stainless steel is a 

reasonable material selection. Stainless steels are much more resistant to uniform corrosion 

than carbon steel, but some of them have a high potential for pit corrosion and cracking 

corrosion. 

Plate heat exchangers are commercially available with different construction materials. Four 

types of plate heat exchangers exist: plate and frame, partially welded, brazed and welded 

plate heat exchangers. Plate heat exchangers offer high heat transfer coefficients and large 

surface areas with a small footprint making them the most suitable for low grade heat ORC 

systems. The different plausible technologies are described below [55] [56] [57] [58]. 

The frame and plate heat exchanger: are constructed from a number of pressed, corrugated 

metal plates compressed together into a frame. These plates are provided with gaskets, partly 

to seal the spaces between adjacent plates and partly to distribute the media between the 

flow channels. The most common plate material is stainless steel. The plates can be 

constructed from stainless steel, titanium, incoloy, and hastelloy. When there is a risk of 

corrosion, some companies offer heat exchangers with nonmetallic materials. The gaskets are 

commonly made from Nitril rubber, hypalon, viton, neoprene, and EPDM.  The minimum 

temperature difference between the hot and cold streams could be as low as 2°C and this 

minimum temperature difference could be located at the inlet or the outlet of the heat 

exchanger depending on the configuration adopted for heat exchange (co-current or counter-

current).  

Partially welded heat exchangers: have alternating welded channels and gasket channels. The 

advantage of welding the plate pairs is that, except for a small gasket around the ports, other 

materials are eliminated. The operating conditions are the same as the plate and frame heat 

exchanger, this type of heat exchanger is more used for the evaporation and the condensation 

of refrigerants because it limits refrigerant leaks. 

The brazed plate heat exchanger: consists of a pack of pressed-plate brazed together, thus 

completely eliminating the use of gaskets. The frame can also be eliminated. These heat 
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exchangers have heat transfer capacities up to 600 kW. Plate materials are usually made of 

Stainless steel. Copper brazed units are available for temperatures up to 225°C and a 

maximum operating pressure of 3 MPa, but copper braze may produce an incompatibility with 

some working media. Nickel brazed units are available for temperatures up to 400°C and 

maximum operating pressures of 1.6 MPa.  

The welded plate heat exchanger: consists of a pack of pressed-plate welded together, thus 

this heat exchanger cannot be dismounted. This heat exchanger can be made from a wide 

range of metal materials, provided that they can be welded and cold-formed. Plate materials 

include stainless steel, high temperature steel, copper and alloys, nickel and alloys, Hastelloy 

and titanium. Depending on the material used, the welded-plate heat exchanger can operate 

at temperatures up to 900°C and, in cryogenic applications, down to -200°C. The broad 

application area of the welded-plate heat exchanger is: waste gas heat recovery, cryogenic 

applications, and heat transfer between corrosive materials. 

4.1.2 Findings 

The selection of the most suitable technology of heat exchanger depends on the operating 

conditions such as operating pressures and temperatures, cost, fouling, and material 

compatibility. For liquid phase-change heat exchangers (boiler and condenser), if the operating 

pressure is limited to less than 2.5 MPa and temperature is lower than 225°C, the brazed-plate 

heat exchanger constitutes one of the most adequate solutions. If a higher temperature or 

pressure is required, a fully welded plate-heat exchanger could be the choice, depending on 

the design criteria.  

However, for liquid-gas heat exchangers (recuperators), the heat transfer coefficient of the gas 

side is 1/10 to 1/100 of that on the liquid side. Therefore, for a thermally balanced design to 

obtain an overall heat coefficient of the same magnitude on each fluid side of the heat 

exchanger, fins are required to increase the gas side surface area. Thus, the common heat 

exchangers used for liquid-to-gas heat exchanger are of the extended surface and tubular, 

plate-fin type. If the operating temperature and pressure could be tolerated with an 

aluminium plate-fin heat exchanger, then this could be used, since it represents a compact 

solution and an acceptable cost. 

Cost represents a very important factor for selecting heat exchanger type. In general plate 

heat exchangers have a lower total cost than other heat exchanger types when stainless steel, 

titanium and other highly quality materials are used. Since tubes are more expensive than 

extended surfaces and the heat transfer surface area density of a tubular core is generally 
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much lower than that of an extended surface, plate-fin heat exchangers are less expensive 

than tubular heat exchangers for the same duty. Fouling and material compatibility presents a 

secondary effect on the selection of the heat exchangers. 

4.1.3 Boiler description  

The heat exchanged between two fluids is a function of the temperature difference between 

them. The boiler is modelled as three separate heat exchangers: a preheater, evaporator and 

superheater (3 zones: liquid, two phase, and vapour). Figure 35 shows the flow directions 

through the heat exchangers along with a corresponding temperature profile. The 

temperature profiles in the heat exchangers illustrate a point where the temperature 

difference is minimal. This point is a fundamental parameter for designing a practical ORC unit 

and is called the pinch point. 

 

Figure 35 Temperature vs. Dryness change in boiler showing pressure drop 

When sizing an installation, a small pinch point (e.g 2°C) allows increasing the maximum 

temperature of the refrigerant in the evaporator and decreasing the saturation temperature in 

the condenser, though this corresponds to more expensive heat exchangers. In ORC 

applications, this value depends strongly on the configuration of the system and on the heat 

sink/source temperatures available. In refrigeration, a rule of good practice states that the 

value of the pinch should be around 5°C to reach an economical optimum, this is the value 

taken for further simulations.  
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4.1.4 Boiler module  

For the purpose of modelling, a heat source consisting of hot water at a temperature of 100°C 

characterized by a flow rate of 10 kg/s, heat sink assumed to be cold water with supply 

temperature of 25°C and R245fa as a working fluid is considered. As heat losses in heat 

exchangers are neglected, the amount of the heat added to the working fluid in time is equal 

to the heat extracted from the heat source. In the modelled preheater, specific heat capacity is 

considered constant allowing the log mean temperature difference technique to be employed 

(figure 36).  

Figure 36 Temperature change of working fluid and waste heat source along the heat 

exchanger length (assumption for LMTD) 

Due to the uncertainty in measuring two phase fluid properties at the expander inlet, it’s 

important to approximate the dryness fraction at the inlet numerically. Therefore, the total 

heat transferred from the waste heat source is balance between preheater and evaporator 

such that when taking the expander efficiency into account the expander inlet conditions are 

such that the expander exit dryness will be X=0.99. In doing so, taking heat exchanger pressure 

drop into account the organic fluids condition at the heat exchanger exit can be calculated and 

the temperature profile can be found (figure 38).  In brief, an energy balance on the boiler 

heats the working fluid at the pump outlet to the expander inlet condition. The waste heat 

source is divided into 0.01°C increments in order to find the optimised cycle so that the 

working fluid dryness fraction at the expander exit is limited to X=0.99. 
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Figure 37 Preheater evaporator layout for simulation analysis 

 

 

Figure 38 Temperature profile vs. Heat transferred in the preheater and evaporator for the 

simulated ORC case 
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4.1.5 Overall heat transfer coefficient 

Predicting the overall heat transfer coefficient for the heat exchanger normally depends on 

detailed fluid property data and geometry information as well as an appropriate correlation. 

The nature of two-phase flow in ORC heat exchangers is such that the vapour and the liquid 

phase are of the same chemical substance (two-phase single-component). Heat transfer in a 

two-phase two-component system (e.g. in air-water flow) has a relatively simple impact on the 

system behaviour: only the physical (material) properties of the phases are temperature 

dependent. Two-phase single-component systems are far more complicated, because the heat 

transfer and the temperature cause (in addition to changes of the physical properties of the 

phases) mass exchanges between the phases, by evaporation, flashing and condensation. Two-

phase systems like the liquid-vapour systems require their own, very complicated 

mathematical modelling and dedicated two-phase single-component experiments.  

In calculating the overall heat transfer coefficient for the heat exchangers, only the convective 

heat transfer coefficient at the saturated liquid condition for the refrigerant are considered as 

two phase heat transfer properties of R-245fa are not defined in NIST. Delil’s [59] work 

summarised that the heat transfer process in two-component systems is based on caloric heat 

only, the mechanisms are restricted to conduction and convection where as heat transfer in 

single-component systems is far more efficient, as the transport is not only by caloric heat but 

also by the larger contribution of latent heat (evaporation or condensation).  

Though liquid-vapour flows obey all basic fluid mechanics laws, their constitutive equations are 

more numerous and more complicated than the equations for single-phase flows. The 

complications are due to the fact that inertia, viscosity and buoyancy effects can be attributed 

both to the liquid phase and to the vapour phase, and also due to the impact of surface 

tension effects [59]. 

An extra major complication for heat exchangers is the spatial distribution of liquid and 

vapour, the so-called flow pattern. El Hajal et al. [60] and their research group [61] developed 

a flow regime map for two phase fluids. They classified the flow into fully-stratified, stratified-

wavy, intermittent, annular, mist and bubbly flow regimes.  



 

61 
 

Nevertheless, it is still desirable to know the approximate physical sizes of the heat exchangers 

relative to one another. In order to account for this, the relative full load heat transfer 

coefficients were estimated. The overall heat transfer coefficient in each case can be 

calculated assuming counter-flow. Knowing the design value UA and estimating U the off-

design condition can be calculated.  
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Fouling of the heat transfer surfaces can significantly deteriorate the performance of any heat 

exchanger. Predicting exact fouling parameters require exact reference data from a heat 
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exchanger working at the same conditions. In the absence of such data, an adopted value can 

give a good estimate. The fouling allowance can be expressed either as an additional 

percentage of the heat transfer area, or as a fouling factor expressed in the units m2°C/W or 

m2h°C/kcal. A plate heat exchanger is designed with higher turbulence than a shell and tube 

exchanger, and this generally means a lower fouling allowance for the same duty. One could 

say that the margin included in a plate heat exchanger is normally 0.000025 m2°C/W and a 

typical fouling factor for organic heat transfer fluids is around 0.00018 [58]. 
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4.2 Expander  

4.2.1 Lubrication  

The lubrication of expanders used in closed circuit vapour power generating systems in which 

the lubricant is soluble in, or miscible with the working fluid has been investigated by Smith et 

al. [4] [5] [44]. In ORC systems it possible that the lubricant is dissolved or emulsified with the 

liquid phase of the working fluid and a proportion of the liquid phase is fed along the bearing 

supply path to the bearing where heat generated in the bearing evaporates the working fluid, 

leaving sufficiently concentrated lubricant in the bearing to provide adequate lubrication of 

the bearing. The lubricant leaving the bearing and entering the expander travels to the 

condenser with the working fluid exhaust from the expander. The lubricant again mixes with, 

or dissolves in the liquid phase formed in the condenser and returns via the feed pump to the 

heater. Build-up or deposit of lubricant in the evaporator section of the heater, which would 

reduce its efficiency is prevented by its retention in the liquid recirculating through the 

evaporator section and partially drawn off to flow through the expander, condenser and feed 

pump. Advantageously, each bearing supporting the rotary element or elements of the 

expander is lubricated in this manner. The total mass of lubricant required is not more than 5% 

of the mass of working fluid. Typically 0.5% to 2% is sufficient [4] [5]. 

4.2.2 Benefits of twin screw expander  

A screw expander comprises a meshing pair of helical lobed rotors contained in a casing which 

together form a working chamber, the volume of which depends only on the angle of rotation. 

Twin screw expanders have the following advantages: 

 Unlike the mode of power transmission in turbomachinery, power is transferred 

between the fluid and the rotor shafts by pressure on the rotors, which changes with 

the fluid volume.  Consequently, the fluid velocities within them are approximately 

one order of magnitude less than in turbines [4]   

 The twin screw expander has an isentropic efficiency of up to 75%   

 They are compact in size 

 They are inexpensive to manufacture compared to turbines  

 There are no valves to limit the flow 

 Expanders are scalable 
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 Materials of construction can be selected to be compatible with a wide range of fluids 

and temperatures 

4.2.3 Expander module 

The expander and generator are modelled by assuming an isentropic efficiency for the 

expander and a mechanical-electrical efficiency for the generator. The expander efficiency is 

assumed to be the same for all working conditions however variation in inlet volume flow rate, 

pressure and temperature can greatly affect this. The work produced by the expander 

generator is equal to the change in working fluid enthalpies. Knowing the isentropic efficiency 

of the expander, which is given by the manufacturer, generated power can be calculated. Wet 

vapour from the evaporator at Point 6 (figure 39), with a high temperature and pressure, 

expands through the expander to produce mechanical work and then is passed to the 

condenser at Point 7. The vapour comes out of the expander at a lower pressure and 

temperature. 

 

Figure 39 Expander generator layout for simulation analysis 
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4.3 Condensers  

The heat dissipation system is of great importance for ORC power plants because of the 

significantly bigger quantities of rejected heat per unit of electricity output, compared to fossil 

or nuclear power plants, as well as the high sensitivity of the performance to temperature 

variations of the heat sink. The heat dissipated from the system is primarily the heat of 

condensation of the working fluid and can be defined in terms of the cycle efficiency. Because 

of the low thermal efficiency of ORC power plants running on low quality heat sources, the 

amount of waste heat per unit of work is approximately 5 to 7 times greater than from the 

average fossil fuel power plant [7]. The heat dissipation system in ORC units has a tremendous 

effect on the cycle efficiency. Carnot’s principle shows that the cycle performance is affected 

by the change of the heat sink temperature. Therefore, for the ORC, which does not reach high 

temperatures, assuring a low condensing temperature for the working fluid is of crucial 

importance. Hence, the efficiency and net power of the plant is increased if we decrease the 

condensing temperature. This can be achieved by condensing the fluid vapour at the lowest 

possible temperature as shown in figure 40.   

 

Figure 40 Net power output vs. Coolant inlet temperature trend for cooling tower and water 

cooled condensers 
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4.3.1 Condensers types 

4.3.1.1 Water vs. air cooled  

In nature, available cooling fluids are either water (from sea, lakes, rivers, or subsurface) or air. 

In terms of heat transfer, water has more favourable properties than air, as follows: 

 Water has over 4 times higher specific heat than ambient air. 

 Water is 830 times denser than air.  

 Water has a volumetric heat capacity approximately 3450 times that of ambient air. 

This implies that in order to have the same heat transfer effect, 3450 more volume of 

air has to be moved than in the case of water, resulting in the need for bulky and 

expensive equipment for air-handling, plus higher electricity consumption for the air 

fans than the water pumps. 

 In condensers, water yields typical heat transfer coefficient many times higher than 

those for air. This implies that the surface of the condenser and the corresponding 

costs will be accordingly higher if air is used as cooling fluid rather than water. The 

heat exchange surface has a direct impact on the weight and size of the condenser, 

which are the most important economic variables defining the corresponding costs. 

4.3.1.2 Surface water (once-through systems) 

The cooling fluid is water which is transported to the ORC power plant through pipes from a 

river, a lake or the sea. The temperature of the cooling water in this case varies in proportion 

to season’s temperature. It can be 10°C-25°C. This is why surface water yields the lowest 

condensing pressure and temperature. As far as it concerns the plant’s cost, the electricity 

consumption for transporting the water (pipes, pumps etc.) may not be negligible, depending 

on the location and distance of the water source. For heat exchange plate heat exchangers 

may be a tempting option due to their compact size, their mass production and easy to 

dismantle/mantle and clean capabilities and their high overall heat transfer coefficient, typical 

values of which are 10-20 kW/m².  Their main advantage is that they can yield the lowest 

possible condensing temperatures, and hence the maximum conversion efficiency because 

surface waters tends to have lower temperatures than ambient air during the summer period 

[62]. 
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Main drawbacks include:  

 Fouling or corrosion in the condenser in cases of adverse chemistry 

 High capital costs for piping and pumping stations or electricity consumption when the 

water has to be transported from large distances 

 Environmentalists have real concerns about an excessive heating up of the cooling 

water source during the summer months, so causing damage to the surrounding 

ecosystem 

 Need for large water quantity. There are few places where sufficient water is available.  

Hence, the market for water cooled units is very small.  

4.3.1.3 Wet type cooling towers 

The cooling water that is used in the condenser is conveyed to a cooling tower in order to 

reduce its temperature so that it will be recycled and looped through the system. An important 

reduction of its temperature is accomplished in the tower. In small or medium size plants, such 

as geothermal power plants, cooling towers usually use mechanical ventilation (fan) for the 

advection of the air stream. In these plants cooling towers that are mostly used are cross-flow 

and traverse-flow. The typical temperature difference between the inlet and outlet cooling 

water is 10°C. The temperature of the cooling water that comes out of the cooling tower 

reaches at least 25°C, resulting in condensing temperatures around 40°C, depending on the 

ambient temperature [62]. 

Wet cooling towers combine the use of water as a cooling media to the condenser and benefit 

from its favourable heat capacity and heat transfer properties compared with air, while they 

do not need the large volumes of surface water needed in once through cooling systems. 

Instead, they evaporate water within the cooling tower, and need a much smaller quantity of 

makeup water to compensate the evaporation losses plus the water blow down necessary to 

maintain water quality.  

4.3.1.4 Dry type cooling towers 

In dry type cooling towers, the temperature of the air that comes out of the tower in order to 

cool the fluid in the condenser is higher than 25°C. Typical values are 25-30°C resulting in 

condensing temperatures around 40-50°C [63] [64]. In a dry type cooling tower no water 

supply is necessary. Regarding auxiliary power consumption, they usually consume twice as 
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much as electricity than wet cooling towers. Due to the need for many times higher heat 

exchange surface and the large volume of air that has to be moved through them, dry type 

cooling towers are the most expensive option. The external surfaces of the finned tubes on air-

cooled condensers are very prone to fouling from pollen, dust, insects, leaves, plastic bags, 

bird carcasses, etc. Not only is the air flow affected but also the heat transfer coefficient, the 

deterioration in performance increasing unit operating costs.  

However, in cases of lack of water, strict local water use regulations, extremely low ambient 

temperatures during winter which cause water droplets from wet type cooling towers to 

freeze onto nearby vegetation, dry type cooling towers may be the only available option. Over 

the past 30 years there has been a growing and competing demand for water for both 

domestic and industrial use and this has brought an increased interest in the use of air as a 

cooling medium in place of water. Unfortunately, ORC power plants equipped with air cooled 

condensers reach a higher power output at night, when demand for electricity is lower.  

 

Figure 41 Net power output vs. Heat exchanger area trend for cooling tower and water 

cooled condensers 

Hence, cooling with surface water yields the lowest condensing pressure and temperature and 

the highest conversion efficiency and net power output, followed by wet cooling towers, and 

then by dry cooling towers. Figure 41 shows the total heat exchange surface as a function of 

the net power output. This curve shows the same trends as those discussed earlier. The trend 

is relatively linear to start with, then diverges showing the need of more heat exchanger area 
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for cooling towers to compete with water cooled condensers and finally resulting in very 

marginal gains even by increasing the heat exchanger size. Regarding the need for cold water 

supply, the order is reversed. In moderate climates, wet cooling towers are preferred as long 

as a source of cooling water is available. Using a wet cooling tower, working fluid can be 

cooled down to lower temperatures, which improves the efficiency of the cycle significantly. In 

terms of costs, water cooled systems are generally considered less expensive to build and 

operate as long as makeup water is available and cheap.  

Industrial and geothermal cooling towers are all of the forced draft type, where the air flow 

through them is induced by mechanically (electrically) driven fans. These absorb quite a 

significant percentage of the ORC gross power output. Dry cooling is the most expensive 

option due to the much higher heat capacity and heat transfer coefficient of water compared 

with ambient air. Although in some arid areas plants using air-cooled condensers may be more 

cost-effective, their power capacity is highly dependent on weather conditions and their net 

power output usually fluctuates by 20-25% [7].  

4.3.2 Condenser module  

The condensing pressure is provided as an input to the global model. The pressure at state 9 is 

the saturation pressure corresponding to the condensing temperature. For this simulation the 

condensing pressure is dictated by three parameters the inlet temperature of the cooling 

water (25°C), the minimum approach temperature (5°C) and the condenser temperature rise 

(10°C). Hence, the condensation temperature for working fluid is fixed to 40°C. If river water is 

the coolant, the hot water is dumped back into the river (its temperature is limited because of 

environmental issues). The technique used to compute performance for the preheater and 

evaporator is employed here with the condenser and slight sub-cooling (if needed). The only 

difference is in the constrained variables. In the boiler, pressure is a design variable and mass 

flow is a function of the heat exchanger performance. In the condensing section, mass flow 

rate is known (determined in the boiler) and pressure is a function of the condenser 

performance.  

Heat transfer in the condenser can occur through three zones also: the desuperheating zone, 

in which the organic vapour is reduced to saturated vapour, the condensing zone, in which the 

organic fluid condenses from saturated vapour to saturated liquid, and a subcooling or drain 

cooling zone, in which the saturated liquid is cooled to a temperature below its saturation 

temperature.  
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In the simulation the vapour of the working fluid goes through an almost constant pressure 

phase change process in the condenser into a state of saturated liquid, rejecting the latent 

heat into the condenser coolant. The pressure of the working fluid within the condenser is 

equal to the ORCs lowest pressure (P9, figure 42) and the temperature is equal to the 

saturation temperature of the pressure, P9. The condenser load, which is the rate of latent 

heat rejection from condensing working fluid, is computed.  

 

Figure 42 Condenser layout for simulation analysis 
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4.4 Feed pump 

4.4.1 Pump selection & pressure 

Pumps are divided into two fundamentals types: kinetic or positive displacement. In kinetic 

displacement, a centrifugal force of the rotating element, called an impeller, impels kinetic 

energy to the fluid, moving the fluid from the suction to the discharge. However, positive 

displacement uses one or several reciprocating pistons, or a squeezing action of meshing 

gears, lobes, or other moving bodies, to displace the media from one area into another. The 

centrifugal pumps differ from the positive displacement pumps by their curves relating 

pressure and flow. The slope of the centrifugal pump curve is mostly horizontal; when 

increasing the differential pressure, the flow rate delivered decreases [65]. However, the 

positive displacement pump curve is mostly vertical; when the flow rate does not depend on 

the pressure head of the pump.  

The selection of the best-suited technology of pumps depends not only on the volumetric flow 

rates and the differential pressure, but also on the operating temperatures, inlet pressure, 

outlet pressure, fluid type, and fluid viscosity. The pump selected has to operate with high 

efficiency and for flow rates and pressure ratios that depend on the working fluid selected and 

the desired power output.  Regarding the low volumetric flow rates with the corresponding 

pressure ratio, the positive displacement pump represents the most suitable option for small 

ORC. On the other hand, ORC pumps should be able to operate with low viscosity fluids and 

still ensure the desired head, which is only possible with pumps presenting very small 

clearance between their lobes. In larger ORC units, centrifugal pumps are used where large 

pressure rises are possible at high flow rates. Sometimes the required pressure ratios can be 

even higher than a single stage centrifugal pump can handle, the need of multi-stage design is 

required to cover all operating conditions of the ORC. Though it will represent a high cost and 

a bulky pump system.  

4.4.2 Cavitation 

The pump operates on the condensate leaving the condenser, and thus precautions have to be 

taken to prevent cavitation at the inlet. Cavitation occurs when the local pressure in the liquid 

drops below the saturated vapour pressure corresponding to its operating temperature. The 

liquid then, partially vaporizes the suction side is filled with vapour and the pump then does 

not deliver the required flow rate of liquid. The effects of cavitation are manifested by pitting 

and corrosion like effects on pump. More importantly, however, is the fact that cavitation 

contributes to significant damage to seal, bearing and pump shafts, consequently resulting in 

premature component failure and associated maintenance costs. In more common 
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applications, cavitation in pumps can occur without any appreciable noise or wear being 

evident. Hence, pumps only work well for liquids. Any gas bubbles can destroy the pump rotor. 

Therefore, it is very important that the pump feed be a saturated liquid or even a slightly 

subcooled liquid.  

4.4.3 Pump module   

The feed pump power is calculated and governed by an isentropic efficiency and saturated 

condition to impose the required flow rate and increase in pressure. In order to predict the 

pump consumption, a constant efficiency is assumed. The specific enthalpy of the working 

fluid increases taking the ideal isentropic pump efficiency to calculate the real exit condition 

and state. Part-load pump efficiency is approximated as a function of mass flow using a 

relationship presented by Lippke et al [66]. (where ref values represent design conditions). 
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Figure 43 Feed pump layout for simulation analysis 
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4.5 Thermoeconomic optimization  

Thermoeconomic optimization is the final stage of the design procedure which, for defined 

boundary conditions, makes it possible to find the optimal values of the independent variables. 

Values which minimize or maximize the chosen optimization criteria are considered to be 

optimal in this case. It may be the annual levelized net profit, time of return of investment or 

any other economic profitability criterion. In waste heat recovery systems net power 

output/net investment is considered to be the most universal optimization criterion since the 

others mentioned are dependent on price at which electricity can be sold. It is important to 

emphasize that this process does not aim at reducing irreversibilities, but allows the finding of 

irreversibility rates that are most reasonable from an economic point of view. Despite the fact 

that optimal values of design variables differ from one application to another, the purpose 

should be to conduct design studies for one universal power plant which ensures the level of 

performance is close to optimal in its various applications.  
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4.5.1 Economic analysis  

The primary objective of every project is to be profitable. Therefore a proper design for any 

cost effective thermal system requires evaluation of the project’s cost. Although more 

expensive than conventional fossil-fuel power plants, ORC systems have their own place in the 

energy market costing around $1,500-2,000 per kilowatt or 2-2.5 times that of conventional 

Rankine cycle plants. 

The total cost of production in an ORC power plant consists of capital investment, which is a 

one-time cost, and operation and maintenance costs (O&M), which are continuous in nature. 

When approaching the thermoeconomic analysis of such systems, some items must be taken 

into account.  

 The efficiency of most components slightly decreases at part load 

 The cost formation process varies depending on the load level of each component 

 A rule to allocate the depreciation cost of components should be fixed with more 

accuracy than for energy systems at steady operation  

 Energy exchanges with external networks take place at market price 

4.5.2 Estimation of the Total Capital Investment (TCI) 

The total Capital Investment of an ORC power plant can be shown as [56]: 

TCI=FCI+SUC+WC+LRD+AFUDC 

Where, FCI- Fixed capital investment, SUC- Start up costs, WC- Working capital, LRD- Costs of 

licensing, research and development & AFUDC- Allowance for funds used during construction 

4.5.2.1 Fixed capital investment  

Fixed-capital investment cost is basically the capital needed to purchase and install all needed 

equipment and build all necessary facilities. It consists of direct and indirect costs. The first 

type, direct cost, represents all equipment, materials and labour involved in the creation of 

permanent facilities. Indirect costs, although needed for completion of the project, do not 

become a permanent part of the facilities. 

 Purchased equipment cost and the effect of size on the equipment cost: It should be 

noted that among all heat exchangers used in the system, the most expensive are 

those operating on a waste heat source fluid.  
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 Installation of equipment: This cost accounts for transportation of equipment from the 

factory, insurance, costs of labour, foundations, insulation, cost of working fluid, 

thermal oil for the waste heat recovery loop and all other expenses related to the 

erection of a power plant. However, ORC power plants that are assembled into one 

unit when manufactured are transported relatively cheaply and easily because of their 

small size. 

 Instrumentation, controls and electrical equipment: The cost of electrical equipment, 

which for power plants usually includes distribution lines, emergency power supplies 

etc  

 Piping: The cost of piping in the power plants  

 Engineering and supervision: This category of costs includes the cost of planning and 

the design of the power plant as well as the manufacturer’s profit, the engineering 

supervisor, inspection and administration. This is an expensive phase for traditional 

power plants. However, in ORC standardised units that are preassembled, the cost of 

supervision is lower as is the time of construction. 

 Construction: Expenses for construction include all the costs of temporary facilities and 

contractor’s profits. 

Other outlays consist of the start up costs, working capital and allowance for funds during 

construction. 

4.5.2.2 Start up costs 

Start up costs are the expenses that have to be spent after the construction of the power plant 

but before the unit can operate at a full load. They have to cover not only the cost of 

equipment and work during startup time, but mainly the difference in income which is the 

result of a partial load during this time.  

4.5.2.3 Working capital 

Working capital is the amount of money needed to cover the costs of power plant operation 

before receiving payment. The unit should also work without permanent supervision therefore 

labour costs are relatively low.  

 Operation and maintenance (O&M) costs: Operation and maintenance costs consist of 

all expenses accrued during the operational phase of the power plant. They 
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encompass expenses related to labour, chemicals, spare parts, etc. Operation and 

maintenance costs of the preheater and evaporator in geothermal applications are 

significantly higher because of the risk of scaling and corrosion. If industrial waste heat 

recovery applications are considered, this figure is relatively lower.  

 Contingencies: This cost should compensate for all unpredictable events which may 

occur during transportation, construction and erection of the power plant. The 

contingency factor dependent on the level of complexity and uniqueness of the power 

plant. Since the risk of unpredictable events is low due to universal design, the 

contingency factor is smaller than for an average power plant but it still has to be 

taken into consideration. 

4.6 Criteria of performance for ORC  

The performance of a power plant can be expressed through some common performance 

factors such as: 

Net power output: Net power output of the power plant, also known as total power output, 

can be calculated by subtracting all auxiliary power requirements from gross power output 

produced by the expander/generator. 

Cycle efficiency: Cycle efficiency is defined as the ratio between the net power of the cycle to 

the boiler heat rate. It gives a measure about how much of the waste heat input to the 

working fluid passing through the evaporator is converted to work.  

The operating net power output & cycle efficiency may differ from the designed values. This 

reduction may be caused due to the following reasons: 

 The expander efficiency being low during under expansion 

 The pump power consumption being higher than expected  

 The heat loss from system components such as pipes and expander can be large 

because of inadequate insulation.  

In order to improve the efficiency of this system, these issues have to be resolved using low-

cost solutions. 

Capacity Factor: The capacity factor for a power plant is the ratio between average load and 

rated load for a period of time and can be expressed as 
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μcf = (100) Pal / Prl          

where, μcf = capacity factor (%), Pal = average load for the power plant for a period (kW) &  Prl = 

rated capacity for the power plant (kW) 

Economic Efficiency: Economic efficiency is the ratio between production costs, including fuel, 

labour, materials and services, and energy output from the power plant for a period of time. 

Economic efficiency can be expressed as 

φee = TCI / Wnet          

where, φee = economic efficiency (dollars/kW, euro/kW), TCI = production costs for a period 

(dollars, euro) &  Wnet  = energy output from the power plant in the period (kWh) 

Output CYCLE 

3PAR FP WHSP COOLP CONTW W W W W KW    
 

50.2NET GROSS PARW W W KW    

5.99%NET
CYCLE

IN

W

Q
  

 

 

 

 

 

 

 

 

 

 



 

80 
 

Chapter 5 Results & discussion   

Although the analysis performed by these thermodynamic models generally leads only to a 

qualitative conclusion about the cycle performance, they do indicate how changes in the 

operating parameters affect the actual cycle performance. Also, different parameters can be 

evaluated to improve the cycle overall performance by utilizing these models. The 

thermodynamic properties of the working fluids are key parameters for modelling of the 

plants. The National Institute of Standards and Technology database is extensively used for the 

evaluation of the properties of the refrigerants. Below are the detailed input/output values of 

these data used to find the cycle conditions with the help of program developed.  T-S, P-h 

(figure 44, 45) diagrams and representation of energy transferred (figure 46) in the ORC are 

given for the simulated case. 

Power Plant Performance Prediction Program P5 

Wet ORC  
   

 
Units  Input  Output 

Efficiencies  
   TSE (Mechanical) % 75 

 Gearbox  % 95 
 Generator (Electrical) % 92 
 Feed pump (Mechanical) % 70 
 WHS pump (Mechanical) % 75 
 Coolant pump (Mechanical) % 75 
 Fan (Mechanical)  % 90 
 

    Pressure drops 
   WHS boiler Bar 0.15 

 Coolant condenser Bar 0.02 
 Condenser PD factor Bar 0.03 
 Boiler PD factor Bar 0.1 
 

    Working fluid type 
 

R245fa 
 

    Utilized waste heat KW 
 

837 

    Preheater 
   Heat transferred KW 

 
233 

LMTD °C 
 

16.98 

Heat transferred/ LMTD KW/K 
 

13.7 

Heat exchanger pinch point  °C 5 
 

    Heating medium  
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Inlet temp.  °C 
 

85.56 

Exit temp. °C 80 
 

    Working fluid  
   Pressure inlet  Bar 

 
8.11 

Pressure exit Bar 
 

7.91 

Temp. inlet °C 
 

39.47 

Temp. exit °C 
 

80.56 

Enthalpy change KJ/KG 
 

53.97 

    Evaporator 
   Heat transferred KW 

 
605 

LMTD °C 
 

11.55 

Heat transferred/ LMTD KW/K 
 

52.35 

    Heating medium  
   Inlet temp.  °C 100 

 Exit temp. °C 
 

85.56 

Specific heat KJ/Kg °C  4.186 
 MFR Kg/Sec 10 
 

    Working fluid  
   Pressure inlet  Bar 

 
7.9 

Pressure exit Bar 
 

7.37 

Temp. inlet °C 
 

80.56 

Temp. exit °C 
 

77.77 

Enthalpy change KJ/KG 
 

140.28 

    TSE 
   Inlet X % 

 
0.937 

Exit X  % 
 

0.99 

Pressure inlet  Bar 
 

7.37 

Pressure exit Bar 
 

2.28 

VER 
  

3.13 

Temp. inlet °C 
 

77.8 

Temp. exit °C 
 

40 

Enthalpy change KJ/KG 
 

14.17 

Shaft power KW 
 

60.9 

    Condenser  
   Type 
 

water 
 Heat transferred KW 

 
779 

LMTD °C 
 

8.77 

Heat transferred/ LMTD KW/K 
 

88.83 
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    Coolant  
   Specific heat KJ/Kg °C  4.186 

 Temp rise in condenser  °C 10 
 Inlet temp.  °C 25 
 Exit temp. °C 

 
35 

MFR  Kg/Sec 
 

18.64 

    Working fluid  
   Pressure inlet  Bar 

 
2.48 

Pressure exit Bar 
 

2.41 

Temp. inlet °C 
 

40 

Temp. exit °C 
 

39.1 

Enthalpy change KJ/Kg 
 

180.75 

Pump power  KW 
 

0.1 

    Feed pump  
   Power  KW 

 
2.99 

Pressure inlet  Bar 
 

2.41 

Pressure exit Bar 
 

8.11 

Temp. inlet °C 
 

39.1 

Temp. exit °C 
 

39.5 

Enthalpy change KJ/Kg 
 

0.62 

MFR Kg/Sec 
 

4.309 

    Output 
   Net power out put  KW 

 
50.2 

Cycle efficiency  % 
 

5.99 
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Figure 44 T-S diagram for the simulated cycle 

 

 

Figure 45 P-h diagram for the simulated cycle 
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Figure 46 Power absorbed and rejected in the simulated ORC case 

5.1 Understanding the behaviour of an operating ORC 

Below is the summarisation of how specific parameters of the cycle can be adjusted by varying 

certain conditions as addressed by Quoilin [68]. 

 Total heat transfer across the evaporator is determined by the evaporator configuration 

and by the temperature and flow rate of the waste heat source. 

 Refrigerant mass flow rate can be adjusted by modifying the swept volume of the pump or 

varying the rotational speed. 

 Expander supply pressure is imposed by the expander rotating speed for a given pump 

flow rate. Reducing the expander rotating speed leads to a higher evaporating pressure. 

 Condenser supply temperature is imposed by the expander efficiency, the ambient losses 

of the expander and coolant conditions. 

 Adding more fluid to the circuit increases the amount of liquid, and increases the level of 

liquid in the heat exchangers. If the evaporating conditions are fixed, the liquid level in the 

evaporator remains more or less the same because the fluid needs a fixed heat exchanger 

area in order to become evaporated or superheated. Increasing the refrigerant charge will 

increase the liquid level in the condenser and increase the subcooling zone in the heat 
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exchanger. It can then be concluded that the condenser exhaust subcooling is imposed by 

the refrigerant charge & heat transfer surface area in the condenser. 

 The condensing temperature is fixed by the pinch, the coolant temperature and the 

temperature rise. The condensing pressure is imposed by the condenser effectiveness and 

by the cold stream temperature. 

 Pressure drops are mainly a function of the heat exchanger geometrical characteristics, 

bends and the flow rate. 

5.2 Sensitivity study  

5.2.1 Increasing maximum ORC pressure  

Consider the cooling of a waste heat stream, as shown in figure 47.  Given that the waste heat 

is initially at a temperature T1. Then maximum heat recovery is obtained when it is cooled to 

the ambient temperature, T3. However, when cooled to an intermediate temperature T2, the 

amount of heat Q, is recovered with a heat recovery efficiency, eryHeat covRe =QAbsorbed/QMaximum. 

Now in order to obtain the optimised power output, the conversion efficiency is then 

calculated as Covnersion  = Cycle . RecovHeat ery . 

 

Figure 47 Heat transfer as a function of temperature for single phase heating medium 

Keeping fixed waste heat inlet conditions, expander efficiency and expander exit dryness at 

X=0.99. The effect of varying the feed pump pressure on the ORC’s net power output is 

analysed.  As the pressure and temperature of the working fluid in the boiler is increased for 

the fixed pinch point, the exit temperature of the waste heat source also increases, resulting in 

T1 

T2 

T3 
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less heat being recovered. For waste heat source inlet temperature of 100°C, figure 48 shows 

increasing the temperature of working fluid in the boiler (due to increased pressure from the 

feed pump) corresponds to reduced amount of heat being absorbed by the working fluid. 

 

Figure 48 Relationship between maximum working fluid temperature and the amount heat 

absorbed for fixed waste heat inlet condition 

In the figure 49, waste heat source initially at 100°C is used as a source of heat from which net 

power output and cycle efficiency have been calculated. As can be seen, the power 

recoverable increase as the waste heat temperature leaving the pre-heater reduces. However, 

the greater power output is achieved with decreased cycle efficiency. The reason for this is 

that the additional power generated is derived from a stream of steadily decreasing 

temperature. Hence, the efficiency with which the additional power is recovered declines as 

the waste heat exit temperature reduces.  

 

Figure 49 Effect of heat source exit temperature on cycle efficiency and net power out with  

fixed waste heat inlet condition 

 

Increasing cycle pressure  
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In practice, there are often practical limitations to the minimum attainable temperature.  

Typically, in the case of engine exhaust gases, especially with fuels containing sulphur, the exit 

temperature must be above that of the acid dew point, in order to avoid condensation, while 

in the case of geothermal brines, it must be high enough to avoid the precipitation of any 

dissolved solids, such as silicates and salts, which block the heat exchangers [70]. 

In general, the higher the cycle efficiency, the less heat transfer is needed per unit power 

output. Unlike cycle efficiency, the heat recovery efficiency decreases with increasing cycle 

pressure as shown in figure 50.  

 

Figure 50 Effect of ORC cycle pressure on cycle and heat recovery efficiency 

Therefore in designing an ORC system that receives heat from a single phase heat source, a 

trade-off between high cycle efficiency with low heat recovery and low cycle efficiency with 

high heat recovery exists. Accordingly, there should be some optimum point, where, the size 

and cost of the heat exchangers are reduced and cycle, heat recovery efficiency optimized. 

Using cycle efficiency and overall conversion efficiency as shown in figure 51, this point can 

also be estimated where the efficiency curves intersect. Thus, the ORC system designer has to 

make a compromise between maximising power recovery and minimising cost per unit output. 
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Figure 51 Optimal cycle and heat recovery point selection with varying heat absorbed in the 

boiler as a result of feed pump pressure 

It is also important to note that in physical applications, expander efficiency changes with 

pressure ratio. Hence, with a higher pumping pressure a poor isentropic efficiency of the 

expander may be observed due to high pressure ratios (usually beyond 5:1). Also, a system 

with extremely higher cycle pressure will require relatively expensive heat exchangers.    

5.2.2 Reducing minimum ORC temperature 

The pressure in the condenser is the saturation pressure corresponding to the condensing 

temperature of the working fluid. Here, the vapour of the working fluid goes through an 

almost constant pressure phase change process into a state of saturated liquid, rejecting the 

latent heat into the condenser coolant. The pressure of the working fluid within the condenser 

is roughly equal to the ORC’s lowest pressure.  

Efficient utilization of the heat sink is crucial for efficient operation of the power plant as heat 

dissipation system in ORC units have a tremendous effect on the cycle efficiency. From a 

thermodynamic point of view, it can be shown that, for an ORC unit, the reduction of heat sink 

temperature gives a higher rise in the thermal efficiency of the cycle than an equivalent 

increase in heat source temperature. Therefore, for the ORC systems which do not reach high 

temperatures in boiler, assuring a low condensing temperature for the working fluid is of 

crucial importance. The sensitivity of the ORC’s performance to coolant temperature is shown 

in figure 52 and 53. Analysis performed with a fixed pinch point and waste heat shows, the net 

power output, cycle efficiency and overall conversion efficiency increases with decreasing 

coolant temperature. Lower condensing temperature and pressure results in larger enthalpy 

drop in expansion stage and correspondingly lesser heat is rejected in the condenser. 

Increasing cycle pressure  
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Figure 52 Effect of coolant temperature on net power output and heat rejected in the 

condenser for fixed waste heat 

 

Figure 53 Effect of coolant temperature on cycle and overall conversion efficiency for fixed 

waste heat  

The effect of reduced condensing temperature can visually be explained using the T-s diagram. 

The area in the ORC T-s diagram represents the amount of useful work that can be converted 

from the available waste heat. With decreasing condensation pressure, the pressure drop in 

the expander increases, and therefore, thermal efficiency and net power output increase, as 

illustrated in the T-s diagram in figure 54. The lower condensing pressure will result in a 

greater expansion ratio in the expansion stage, meaning that more work will be done by the 

expander.  
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Figure 54 T-s diagram illustrating the effect of reducing condensing temperature with fixed 

waste heat 

As it is the temperature of the cooling water supply that controls the working fluid condensing 

pressure. The working fluid should be chosen so that, even for the lowest annual temperatures 

its condensation pressure exceeds atmospheric pressure. It is therefore essential to keep the 

condenser temperature as low as possible for improved cycle performance. 

5.3 Expander mechanical efficiency 

Since the efficiencies of the different pumps operating at the different volumetric flow rates 

present almost the same performance, then the pump effect on the selection of the working 

fluid will be neglected. However, the main component affecting the design and the 

performance of the ORC system is the volumetric expander (figure 55 compares the 

mechanical losses for 3 main components), since the selection of the expander will define 

simultaneously the volume ratio and the volumetric flow rates of the working fluid at the 

expander inlet. 
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Figure 55 Mechanical power losses in the simulated ORC case 

5.4 Power output vs. Cycle efficiency  

For ORC adapted to waste heat recovery the main goal is to produce the maximum power 

economically and efficiently using the available heat source as organic fluids are restricted to a 

small range of applicability depending on their thermodynamic conditions. This means that 

one organic fluid best suited for application for a temperature range, may not be so good for 

other temperature ranges. It is possible to have many organic fluids which satisfy the desirable 

characteristics at different temperature ranges.  

Figure 56 shows the complex relationship between net power output, heat absorbed and cycle 

efficiency. The net output increase with the increasing waste heat being absorbed (which is 

due to a larger evaporator sizes hence, increasing the temperature difference between the 

inlet and the outlet of the waste heat source) but decreases the corresponding cycle efficiency. 

Hence, considering a sequence of optimised cycles in which the heat increase in each case is 

related to the exit temperature of the waste heat source from the feed heater. It can be seen 

that beyond a certain point cycle efficiency must drop, even if the power output rises due to 

greater heat recovery. 

Therefore, an optimization process for the maximum cycle temperature is not required. 

However, it is important to notice that this maximum temperature would require an infinitely 

large vapour generator. The optimization procedure used above is based on the evaluation of 

the cycle efficiency, the specific net output and the UA. For the simulated case the results 

indicate that an 850 KW rated preheater & evaporator unit provides the best compromise 

conditions between cycle efficiency and the specific net power output. Further criteria are 
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necessary to choose between these two options or to determine an intermediate pressure 

which constitutes a reasonable compromise. 

 

Figure 56 Variation and trade off between power output and cycle efficiency 

5.5 Methodology for error analysis  

Modelling and optimization performed provide a clear view, highlighting the complex relations 

between all parameters. Further a modelling tool should be developed to create a kind of 

performance map of the entire system. This map, likewise the compressor or turbine 

performance map, indicates the power output and system efficiency for design and off-design 

operation. Because of the lack of results from units in operation, model validation cannot be 

performed. If available, figure 57 shows the instrumentation needed to compare the model 

and figure 58 shows the methodology to this approach (though not all instrumentation 

mentioned are needed to get a good idea of cycle performance and recommending 

modifications that could lead to improvements). The only way to exercise the model is to 

compare its performance with the most similar one presented in the available literature. This 

approach is commonly used, and generally speaking provides a fairly accurate outlook.  
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Figure 57 Minimum instrumentation diagram to validate simulation results 

 

Figure 58 Error analysis and off design prediction of components using P5 ORC model [69] 
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6 Conclusion  

The benefits of utilising vast resource of low grade heat cannot be ignored provided that 

power can be recovered at an economic cost. Nowadays, ORC systems can be characterised as 

the only proven technology used in kW to 1 MW range, despite the fact that it is linked with 

low efficiencies. In practice limitation of the overall cycle efficiency can be partly explained by 

the low temperature of the heat source, low off design expander efficiency, lack of insulation 

and high condenser pump/fan power consumption. ORC offer a simple cycle design, enables 

unattended operation, reduce production cost and complexity. It has to be noticed that such a 

unit performs well only as long as the characteristic of the heat source is similar to the one it 

was designed for.  

The main goal of this research was to simulate and calculate the design operation of an ORC 

system. In the course of the research work conducted, a semi-empirical model based on the 

conservation of mass and energy for each component was designed and created with which 

thermodynamic analyses were carried out. On the basis of the design parameters for optimal 

performance and system sensitivity, numerous simulations were carried out to investigate the 

complex interrelationships and influence on cycle efficiency and net power.  

Brazed-plate heat exchanger was found to be the most suitable technology for boiler since it 

presents compact design, high heat transfer coefficient and acceptable cost. In the power 

industry, the reduced availability of water as the cooling medium, combined with an increased 

emphasis on environmental considerations, often makes the selection of a dry air type cooling 

tower a viable alternative to the traditional surface condenser.  

Optimization of the working conditions is also needed in order to reduce the expander supply 

superheating and the condenser exhaust subcooling. Dry fluids in general generate 

superheated vapour at the exit, and this reduces the area of net work in the T-s diagram. 

Hence, organic fluids should be operated at saturated conditions to reduce the total 

irreversibility of the system.  

The maximum value of total heat recovery efficiency increases with the increase of the inlet 

temperature of the waste heat and decreases by using working fluids of the lower critical 

temperature. The condensation pressure of the cycle is preferred to be higher than the 

atmospheric pressure. With sensitivity analysis it was also shown that the thermal efficiency of 

ORC increases when the condenser temperature is decreased or when the maximum cycle 

pressure is increased.  
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The complete methodology described in this thesis is thus necessary and should be used in 

ORC analysis and comparisons since it leads to a better comprehension of the effects of the 

pressure, temperature and power output on cost, heat exchanger size and thermodynamic 

performances. The choice of optimum operating conditions will differ depending on the 

chosen performance indicator, but in most cases minimum cost will be the determining factor. 

Problem with the sensitivity to heat source characteristics can be solved for a recovery plant 

by sacrificing the recovery efficiency. In order to minimize the cost of energy output, the 

power plant may be slightly undersized since the prime objective of each project is to be 

profitable and the stream of waste heat is considered free of charge. 

Analysis using a constant waste heat temperature or based on thermal efficiency may result in 

considerable deviation for system design relative to the varying temperature conditions of the 

actual waste heat recovery. Finally, the part load operation of a power plant deserves more 

attention since it’s a more usual mode in a deregulated electricity market with ancillary 

services provisioning being an established part of it. 
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