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Abstract

New simulation and experimental results have been obtained and are presented for a multi-tube
fin heat exchanger unit, from which semi-analytical correlations for the Fanning friction and Colburn
factors were developed. The multi-tube and fin heat exchanger represents the main component of
the Fan Coil Unit, an essential component of HVAC systems used for domestic and commercial
heating and cooling. Improving the efficiency of the heat exchanger typically comes at the expense
of higher pressure drops or costlier materials and production costs. Here, an experimental setup
was designed and constructed to evaluate the thermal performance of such a heat exchanger.
Geometrical modifications were explored for thermal performance enhancement. Furthermore, full
three-dimensional CFD case studies of the heat exchanger were investigated to examine the effect
of the geometrical features on the air side of the heat exchanger to study the effect of fin spacing,
transverse and longitudinal pitches. The CFD model developed was first globally validated against
experimental results. The model results were used to predict the Fanning and Colburn factors and
the local fin efficiency based on the carefully selected geometric parameters. The data obtained was
utilised to develop two new semi-analytical models for the Fanning and Colburn friction factors
which were well within £10% error bands and showed strong correlation coefficients of more than
98 and 97% respectively.
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1 INTRODUCTION

There is an undoubted increase in global demand for heating and cooling of residential and
industrial buildings. This in turn leads to a rapid increase in the CO; footprint due to commercial and
domestic heating and cooling. Climate scientists have warned of the environmental impact of
human activities fast approaching an irreversible point, that will create a permanent change to the
planet’s natural environment. Therefore, increasing the efficiency of Heating, Ventilation and Air
Conditioning (HVAC) systems will undoubtedly have a significant impact on achieving net zero
carbon goals set by governments around the world. For example, the UK government is aiming to
achieve net zero carbon emission target by 2050 [1]. Improving the efficiency of energy systems
including HVAC devices such as fan and coil units is key to achieving this target. A Fan Coil Unit (FCU)
mainly consists of a heating or cooling coil and a fan. Normally, an FCU is coupled to the pipework
for controlling the temperature in the installed space [2].

Cavallini et al. [3] reported work carried out on a HVAC system with smooth tubes where the
behaviour of pure/blended halogenated and high-pressure hydrofluorocarbons (HFC) was studied.
The heat transfer coefficient as well as the pressure drop characteristics during condensation were
investigated. They proposed a new predicting model based on the flow patterns that occur during
the condensation process. They showed that predictions from their model agreed with a large
experimental data bank from the literature. While their work and others in the literature are
important work, the awareness on climate change and global warming means that further research
into more sustainable refrigerants for HVAC systems is needed.



For example, Mohammadshabhi et al. [4] report an innovative use of the traditional Shavadoon HVAC
system via a numerical study. It uses natural convection and their results showed that it has the
ability to radically reduce the ambient temperature and maintain comfort conditions. They varied
the system’s geometrical parameters e.g. valve at the canal outlet, its location and diameter and
concluded that using an S-shaped intake with an exit controlling valve improved the ventilation
without deteriorating the thermal comfort conditions. Therefore, it can effectively decrease energy
consumption and prevent possible environmental damage caused by conventional HVAC systems
that use HFCs and other refrigerants that have been shown to have adverse effects on the
environment.

Numerous studies have been carried out reporting various improvement schemes for the efficiency
of FCUs and other heat exchanger systems in order to handle a certain heating or cooling duty. In
general, techniques of augmentation or enhancement are divided into active, where external forces
are employed to enhance heat transfer characteristics; and passive techniques, which use surface
or geometric adjustments to the flow channel by using inserts or additional tools. Alternatively,
combining passive and active methods can be used to further boost a heat exchanger's thermo-
hydraulic performance [5].

Wang and Chi [6] examined the air-side efficiency of fine and tube heat exchangers with the
configuration of a simple fin. Eighteen samples were studied to analyse the effect on thermal and
flow characteristics of the number of fin spacing, number of tube rows, and the tube diameter. It
was concluded that for a Reynolds number range i.e. Re = 300-3000, and for one and two tube
rows, the fin pitch clearly influences the heat transfer behaviour. In addition, a very small influence
of the number of rows was noticed on the friction performance and the influence of the tube
diameter on the heat transfer output is related to the fin pitch, which was consistent with the results
reported in their earlier study [7]. For a louvered fin-and-tube heat exchanger without louvre
redirection, Wang et al. [8] experimentally found that that the friction factors are unaffected by the
number of tube rows, more so at Re > 2000 and the heat transfer coefficients were found to
significantly reduce at conditions of Re < 2000 in the case of the six-row coil heat exchanger they
studied. Furthermore, they discovered that the maximum j factor values occur at lower Re values
and this corresponds to lower fin spacing and vortex formation; and that fin pitch does not affect
the characteristics of heat transfer at Re > 2000. However, heat transfer coefficients are directly
proportional to fin pitch. They finally derived a correlation for the Colburn and Fanning factors that
described the data to with a 10% error band.

An experimental investigation of a compact heat exchanger unit was carried out by Shinde and Lin
[9]. The fins were fitted with louvers and flat tubes and the air-side Re range was 20-200.
Experiments were carried out with twenty-six different corrugated louvered-fin heat exchangers.
The data collected was used to derive correlations for the j and f factors in two Reynolds number
ranges namely Re = 20-80 and Re = 80-200. They concluded that airflow and heat transfer
characteristics are different at very low and high Reynolds numbers. It is noted that their Reynolds
number range is rather narrow and cannot be applied for applications with requirements of high
flow throughput.

Taler [10] proposed two methods for calculating the coefficient heat transfer on the air side for a
two-pass radiator consisting of two aligned rows of oval-shaped tubes having flat, simple fins. They
obtained a correlation for the air-side heat transfer coefficient using experimental data. In addition,
they inferred that the heat transfer coefficients are greater based on the difference in air
temperature through the heat exchanger determined using the latter approach i.e. computational
fluid dynamics (CFD). This is because their CFD model does not consider conductance caused by the
thermal interaction between the pipes and fins. Dong et al. [11] reported an experimental and CFD
study of pressure loss and thermal performance for airflow through a wavy fin in the fully-developed



turbulent regime. The wavy fin profiles they used are: triangular round corner, sinusoidal and
triangular. Findings of this investigation suggested the wavy fin profiles had almost no effect on f
and heat transfer efficiency. They also stated that the standard k — € turbulence model was the
most appropriate for simulating air flow and heat transfer of their wavy fin configurations for the
range of Re = 1000 to 5500.

While experimental studies are most desirable, there can be huge costs involved in setting them up
especially if several configurations are to be examined. As a result, numerical research on fin and
tube heat exchangers has recently been done using CFD. It is noted that the reported works have a
rather restricted range of factors examined with most CFD studies using a computational framework
that takes only part of the fin into account. Furthermore, most of these studies neglect local flow
distribution analysis, such as those of temperature, heat transfer coefficient, as well as the local fin
efficiency of working fluids and fins. Identifying the improvement of these local flow characteristics
can improve the efficiency of the heat exchanger.

Lu et al. [12] investigated the geometrical features on the performance of a fin-and-tube heat
exchanger with six tube rows for refrigerator applications. They studied the effects of tube pitch, its
diameter, fin pitch, and their thickness. They measured the heat exchanger performance in terms
of the ratio of heat transfer rate to pressure drop as well as the coefficient of performance. It was
found that performance increased with longitudinal and transverse tube pitch, but it decreased with
tube diameter and fin thickness. However, the study was carried out on a partial heat exchanger
geometry, and the effect of the different geometrical parameters cannot be confidently
extrapolated to model the behaviour of the full heat exchanger geometry. The same can be said for
the study of Lin et al. [13] where they reported a CFD investigation over a staggered circular tube
bank fin heat exchanger with an interrupted half annular groove fin. They observed that at lower
Reynolds numbers, the fin surface did not significantly affect heat transfer but much better
performance was achieved at higher Reynolds numbers. There was a mean increase of 10-40% in
the f factor and Nusselt number of the annular groove fin was obtained in comparison to that of the
baseline plain fin with heat transfer performance increasing 7.0% to 27.0% when Re increased from
600 to 2500 respectively. Again, their work was on part of the heat exchanger geometry and little
or no information can be inferred for the full thermal characteristics of the heat exchanger.

In a CFD study, Carija et al. [14] analysed air-side flow of a fin and tube heat exchanger having
multiple rows with flat and louvered. An Re range of 70-350, calculated using fin spacing and front
air velocities, was used. They showed that there was improved heat transfer performance of nearly
60% for the louvered fins at Re = 350 in comparison to flat fins. Additionally, as the length of the
louvre increases, the heat transfer efficiency proportionally increased for the same Reynolds
numbers. Altwieb et al. [15] performed a CFD study with benchmarking experiments to measure
performance characteristics of a multi-tube and fin heat exchanger at steady state. A three-
dimensional computational model with complete heat exchanger geometry was developed. They
explored the performance of several fin configurations: louvered, semi-dimpled vortex generator,
and plain. The results showed that the thin vortex generator fins produced the highest non-
dimensional heat transfer parameter hence best performance of the fin configurations studied. Two
dimensionless empirical equations were derived from the simulation data. They suggested that the
relationships can be used for sizing and design of the heat exchangers to estimate the rate of heat
transfer and the pressure characteristics on the air side.
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Figure 1: Schematic showing (a) overall experiment Setup (b) heat Exchanger testing unit (c) heat exchanger dimensions (in mm) (d) image of fin heat exchanger



The current investigation presents a qualitative as well as quantitative evaluation of a full-geometry
fin and multi-tube heat exchanger having plain fins. A number of numerical simulations were carried
out which were well-validated with experimental measurements. The analysis carried out is
important for understanding the complex flow behaviour of the heat exchanger with plain fins. In
addition, a parametric analysis of geometric features on pressure drop and heat transfer attributes
of the heat exchanger represented by the friction and Colburn factors. We consider steady state
conditions. The data from this study has been used to establish a new set of semi-
empirical correlations that consider the effects of geometric parameters and can be used for the
optimisation of heat exchanger efficiency.

2 EXPERIMENTS

2.1 Experimental Setup

Planning and conducting experiments are an important step in studying the thermal and hydraulic
performance of heat exchanges as they provide vital measurements for the validation of simulation
results. Figure 1 (a) shows the complete experimental setup used to obtain temperature and
pressure differences across the current heat exchanger system at different inlet flow conditions. It
comprises of a water tank, a pump, flow meter, a heat exchanger testing unit, pressure transducers,
a data logger for thermocouples, a data logger for RTD temperature sensors and a windows-based
personal computer. There are a variety of fin types, such as plain, louvered, convex-louvered, and
wavy. Among these designs, the most common fin design in heat exchanger applications is the
simple fin configuration, due to its simplicity and rigidity, and has been used in this work.
Furthermore, circular tubes are common geometries used in such heat exchangers [5]. An
experimental setup was conceptualised, designed and constructed to conduct steady-state
experiments on a multi-tube and fin heat exchanger. Figure 1 (b) presents the schematic diagram of
the heat exchanger test unit. The test unit was manufactured using a 2 mm thick galvanised steel
sheet. The test section’s length is 650 mm, a width of 165 mm and height of 175 mm. It consists
mainly of a one-sided centrifugal fan having an integrated electronically-commutated (EC) motor to
drive the ambient air flow through the test unit, the heat exchanger and the following measuring
components.:

e TFI Cobra Probes for air velocity measurement

e Temperature of the inlet and outlet air measurement stations, each of which consists of T-
type exposed welded tip thermocouples made of a Copper—Constantan alloy [6], [16] for the
study of temperature distribution (7 in number)

e Micro-Manometer for the measurement of air-side pressure drop

e Flow Straightener (Honeycomb Structure) for turbulence suppression at the air inlet

The heat exchanger system utilised consists of two rows of tubes with a diameter of 9,52 mm, each
row comprises 5 tubes, with the length of each tube being 130 mm and connected with a bend of
16 mm. Tubes are made of copper with a thickness of 0.26 mm. The heat exchanger consists of
twenty-one staggered plain aluminium fins with a thickness of 0.12 mm. The fins are 43.3 mm apart
and 125.3 mm in height. The fins are spaced 4.23 mm apart (6 fins per inch). Figure 1 (c) shows the
detailed dimensions of the heat exchanger.

2.2 Experimental tests Procedure

Steady state experiments are the simplest type of experiments to conduct and analyse as the flow
is time independent. In the present analysis, experiments were carried out by drawing flow of air
through the fins of the heat exchanger while hot water was flowing in the heat exchanger tubes.
The air velocity used here is within a range of 0.7-5 m/sec, representing the mean velocity of the
airflow across the square duct measured using ASHRAE 41.2 standard [17] and widely reported [18],



[19]. The temperature of the air inlet is 24 + 1 °C. The water flow rate range is between 2.0 L/min
and 6.0 L/min. Inlet and outlet temperatures were determined by Pico resistance temperature
detector probes (model RTD-PT100) [16]. The temperature of the inlet water was kept constant at
60.0+ 1 °C.

2.3 Data Analysis

The temperatures at both air and water inlets; and air and water outlets were measured along with
the pressure drop across the water and the air sides. For the heat transfer rate, the effectiveness—
number of transfer units (or e-NTU) method is used. This method is mostly for counter-current heat
exchangers in preference to the log-mean temperature difference (LMTD) method in cases where
there is inadequate information for the calculation of the LMTD. The number of heat transfer units
(NTU) is computed as follows:

NTU = UA/Cypyin (1)

where Cpin = MypinCpmin With My and ¢, in being the mass and specific heat capacity of the
fluid with the lower heat capacity rate (the air side in this case). The air and water side heat transfer
are expressed as:

QW = mwcpw (Twi - Two) (2)

Qa = macpa (Tao - Tai) 3)

In order to minimise any drop in j, data reduction based on the mean rate of heat transfer Qavg is
done [20]. Therefore, Qavg can be calculated as follows:

g = 2 e @

The heat exchanger effectiveness (g) is the ratio of the actual to the maximum achievable heat
transfer rate. As a result, a relationship for € can be written as:

Qavg
Cmin (Twi - Tai)
The maximum achievable heat transfer rate is obtained when the temperature difference between

the inlet and outlet streams is at a maximum. The quantity UA, also known as the overall
conductance, is given by [15]:

(5)

E =

1

1 1 (6)
ohady + Rwan + 7

UA =

where h,, and h, are the water and air heat transfer coefficients respectively; A,, and A, are the
heat transfer areas for the water and the air surfaces respectively; and R,,,;; is the thermal
resistance of the wall. Where a flat wall is involved, the thermal resistance is given as:
6wall
Ryan = 77— (7)
v kwallAwall

where 6,4 is the thickness of the wall, k,,4;; is the wall material’s thermal conductivity; A,, 4 is
the wall heat transfer area; and the heat transfer coefficient of the water-side h,, is calculated using
the Gnielinski [21] correlation:
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Where f; is the water—wall friction factor, and it is given by:

fi = [1.58In(Rep, ) — 3.28] (9)
The Colburn j and Fanning f factors are calculated from Equations (10) and (11):
hq
j=—————Pr?3 (10)
paVa(max) Cpa
Ac pm [ZplAP P1 P1
= —— —(K-+1—02)+(1—02—K)——Z(——l)] (11)
4 Ao pr L GE L ““p, P2

Equation (11) was derived by Kays and London [22]. Where K; and K, are the sudden contraction
and expansion pressure loss coefficients respectively, p; and p,, and p,,, are the air inlet, outlet, and
mean air densities respectively; and o is the ratio of the smallest flow area to the front area of the
air duct.

3 NUMERICAL SIMULATION MODEL AND NUMERICAL METHODS

3.1 Numerical Simulation Model

Numerical simulations of heat exchanger configurations in this study were performed with the
commercial software code ANSYS FLUENT 17.0 in order to determine the relationship between the
configurations and performance. This was achieved in three stages namely pre-processing, the
solver set up and the post-processing stage [23]. In the pre-processing stage, the geometry of the
heat exchanger and flow domain were created and meshed in Design Modeller and ANSYS Meshing
respectively. These were then imported into FLUENT in order to define the among other things the
material properties, the boundary conditions, select the turbulence model, solution methods, and
convergence criteria. Good theoretical and background knowledge is needed for a particular system
in order to select the correct settings [24]which include spatial and temporal discretisation methods,
the latter in the case of transient simulations. In the present work, time discretisation was not
considered since steady simulations were carried out. The final stage of the modelling process is
post-processing where the data are extracted at appropriate planes and results visualised [25].

Within this section, a novel CFD model including the complete 3D geometry of a single fin heat
exchanger is presented. The heat exchanger design was developed using the commercial ANSYS
Design Modeler software, and is shown in Figure 2. The model was made with the same geometry
and dimensions as the experimental model consisting of 21 fins (4.23 mm apart) and made of
aluminium with each fin having a thickness of 0.12 mm (6 fins per 2.54 mm). The fin was mounted
in a computational domain (of dimensions 65 x 175 x 650 mm), which was divided into three parts
(of dimensions 165 x 175 x 180, 165 x 175 x 60 and 165 x 175 x 410 mm) to help control the mesh
size across the complex geometry of the heat exchanger tubes and fins.

The three-dimensional mass conservation (continuity), momentum and energy equations were
simultaneously solved for the flow and temperature fields. The turbulent flow regime is considered
by reference to the spectrum of experimental Reynolds numbers. The double precision steady-
state solver and the SST k-w turbulence model [26] were used primarily because it maintains the
characteristics of the k-w model near the wall and slowly decreases away from the wall to provide
more accurate results [27]. The pressure, density, body force, the energy and momentum under-



relaxation factors used were respectively 0.3, 1.0, 1.0 and 0.7. The 2nd-order upwind discrimination
scheme was used because it gives more accurate results [20] due to the truncation of the Taylor
series to the 2nd term as against to the 1st in first order schemes. Gravitational acceleration was
activated in the minus y-direction. Coupling of interfaces was done. ANSYS FLUENT enables two
different walls to be combined, allowing the solver to compute quantities right from the solution in
adjacent cells [23].

Figure 2: CFD Model for Multi-tube and Fin Heat Exchanger with Plain Fins

According to the ANSYS FLUENT user guide, the command' rpsetvar' (i.e.' temperature / secondary
gradient? #f') should be added to turn off the secondary gradient to aid convergence in areas of low
mesh quality [23] which can be done in regions of highly complex geometry such as those near tube
curvature and between fins. The heat is transmitted through the walls by conduction. The thermal
conductivity of the copper tubes was set at 387.6 W/m.K and the thermal conductivity of the
aluminium fins was set at 202.4 W/m.K. The air and water properties used are as follows: densities
Pwater = 998.2 kg/m3, pair = 1.24 kg/m3 (set as an incompressible ideal gas [23]); viscosities
Uwater = 0.000471 kg/m.s, g = 0.00001789 kg/m.s; and specific heat capacities pr =

ater
4179 J/kg K, Cpair = 1005.684 J/kg.K.

3.2 Meshing and Mesh Independence Test

A hybrid meshing technique [23] was adopted for the flow domain using tetrahedral (tetra) and
quadrilateral (quad) mesh elements for the test section which was divided into three parts. The
division splits the flow domain into the near field of the heat exchanger sandwiched between the
air inlet and outlet sections. This allows for refining of the mesh to be carried out in the middle
section to give finer mesh elements in the vicinity of the heat exchanger unit. Figure 3 (a) depicts
the mesh density on the external surface of the computational domain. In order to generate quad
mesh elements within the critical inflation layer region, a sweep method was adopted. Five inflation
layers were added in the inner domain of the tubes, as well as adding a face sizing on the outer
surface to enable finer meshes are obtained in the outer domain within the vicinity of the tubes.
The SST k-w turbulence model requires a near-wall spatial resolution where the value of y*< 0.2
and a minimum value of y*< 2 is required. As the present study focuses on the calculation of heat
transfer, the automatic wall treatment in the k—w model allows the consistent refining of the coarse
and insensitive y* mesh. It is therefore recommended to use a mesh with y* about 1 [28]. Similar
works in the literature have used the same turbulence model and showed its computational
efficiency [26], [29]. This is because, The SST k-omega turbulence model has the ability to capture
adverse velocity gradients and separated flows [30] which can develop in the downstream of the



flow around the tubes. A mesh independence study was performed with three separate meshes.
Meshes with 4, 8 and 12 million elements were selected for this study. In addition, the temperature
of the air outlet was chosen as the parameter to compare the independency results, as it reflects
the main results of the CFD modelling, indicating the system’s performance.
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Figure 3: Model meshing showing (a) finer mesh elements around the heat exchanger (b) mid cross-section showing
details of mesh around tubes and (c) details of inflation layers inside the tubes.

Results of the mesh independency test are as given in Table 1. The mesh independency study shows
a4.9% difference in the temperature of the air outlet when the mesh elements were varied between
4 million and 8 million, while a 0.6% difference in temperature was obtained when number of mesh
elements were increased from 8 million to 12 million. It was hence determined that the 8 million
mesh elements model will provide enough accuracy, in good time and with a reasonable model size.

Table 1: Mesh Independence Test Results

Mesh size Temperature of air Computation Absolute % Time Saving
(millions) outlet by CFD (° C) Time (h) difference (h)
4.0 31.39 4.5
8.0 32.92 8.6 4.9 4.1
12.0 33.11 11.7 0.6 3.1

3.3 Benchmark Tests

In numerical studies, the validation of mathematical method and models is immensely important in
providing confidence in the simulation results. Validation or benchmarking involves conducting
experimentation in a controlled laboratory-based environment with identical settings as in the



numerical model and evaluating the global performance indicators of the unit under test [31] and
comparing with the numerical results. Minimal difference between the two at most or all of the
input conditions tested is desired. Consequently, the numerical model can be considered to be well-
validated, and confidence can be exercised on its results.

In this section, validation is provided for the CFD results the model includes a complete 3D heat
exchanger geometry, and it was globally validated against the experimental water and air outlet
pressure drops and temperatures on both the water and the air sides under different operating
conditions. The variables represent the key outputs of the CFD model. They were plotted at the
same water flow rate of 3.0 L/min and a mean air velocity of 2.2 m/s using identical boundary
conditions as defined in section 2.3. Figure 4 (a) indicates a comparison of the numerical results and
the experimental data for the heat exchanger water outlet temperature. It shows that the difference
obtained between the CFD results and the water and air outlet temperatures from the experiments
were quite minimal (<5% for the water outlet and the air outlet temperatures in all conditions
measured and approximately 1% for the temperature of the water outlet). The pressure drop across
the water side of the heat exchanger was measured by two pressure transducers (IMP - Industrial
Pressure Transmitter). One was installed in the water inlet section while the other was in the outlet.
The transducers were of a 3-wire, voltage output design with a range of 0 to 4 barg and nominal
accuracy of +0.25% of full scale. Therefore, the numerical data obtained from the results are
considered toclosely agree with the experimental measurements obtained for the full-
geometry heat exchanger.
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Figure 4: A comparative validation between numerical (Num) and experimental (Exp) values for (a) outlet water and
air temperatures and (b) air-side and the water-side pressure drops for the heat exchanger.

Figure 4 (b) illustrates a comparison of the numerical results and those of the experiments for the
heat exchanger pressure drops at the water- and air-sides. These reveal that a good agreement was
obtained between the CFD and experimental results for the water and air-side pressure drops. Due
to the variability in the air- and water-side values, the pressure drop comparison was plotted on a
log-log scale graph. The points for the water-side pressure drops range between 4,471 and 4,595
(four in number) and can be seen to cluster at the top right-hand corner of the plot. For all the points
considered for the comparison, the percentage differences are observed to be less than 20%.
Summarily, as a result of the benchmark experiments carried out in this section, it may be inferred
that the CFD model we presented which included a full three-dimensional heat exchanger geometry
is reliable. It was hence used to determine the pressure drop and heat transfer characteristics of the
heat exchanger having plain fins at varying operating conditions with sufficient accuracy.



Friction factor (f) & Colburn factor

4  RESULTS AND DISCUSSION

4.1 Experimental Results

The results of the steady-state experiments carried out are presented in the form of plots of the
Fanning f friction factor, the Colburn j factor and the efficiency index i.e. j/f with the water side
Reynolds number (Rep = pyater Vwater Prube/ Hwater With the quantities representing the water
density, velocity, hydraulic diameter of the tube, and water viscosity respectively). Figure 5 presents
the variations of j, f, and j/f with Re, respectively. The computed values of j, f and j/f depending on
the fluctuations of the input variables i.e. the inlet air and temperatures, the air velocity and water
flow rate and have been shown in the calculation method in section 2.4. Hence, error bars have
been included on the plots of j, f and j/f given in Figure 5 to quantify the fluctuations in these
variables. As shown in Figure 5 (a), both the Colburn and the Fanning friction factors decline with an
increase in the Reynolds number at a similar rate with the friction factor values much higher than
the Colburn factors. As such, it is seen that at identical Reynolds number values, f is approximately
three times the magnitude of j. However, the rate of decrease in j is higher than that of j. Similarly,
j/fis plotted and presented in Figure 5 (b) and has an inverse relationship with Rej, trend as j and f.
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Figure 5: (a) Variations of (a) Colburn factor j and Fanning Friction Factor f (b) efficiency Index j/f with Reynolds
Number (Rep)

4.2 Determination of heat transfer coefficient and local fin efficiency prediction from CFD model
results

The main aim of using fins is to maximize surface area and thus increase the overall rate of heat
transfer. Heat passes through the fins by two methods namely conduction via the fins and
convection from fin surface to air. The geometry, spatial arrangement and spacing of the fins has
been shown to significantly affect the thermal efficiency of the heat exchanger unit [32].

Figure 6: Geometry of the staggered fin arrangement [12]



Fins with dimples, holes or grooves or those with a corrugated or wavy geometry have been shown
to generate different vortex patterns in the airflow than plain fins [33], [34]. For this reason, careful
and accurate modelling is required for the prediction of heat transfer characteristics of any heat
exchanger sinceto capture the effect of geometry on the fin efficiency which is akey
parameter influencing air-side heat transfer [35]. Fin efficiency (1)) is defined as the ratio of the
actual heat transfer via the fin to the ideal (or theoretical) case where the entire fin is at the baseline

temperature [19]. To determine fin efficiency of the heat exchanger, Schmidt’s empirical method
[36] was used.

Based on this method, and considering the geometrical configuration given in Figure 6, the fin
efficiency was calculated [19], [37] using:

_ tanh(mr,¢) 2
= T )
where m is defined as,
2h,
m = (13)
kaft

The variable h, = fin air-side heat transfer coefficient (in W /m? K) which is obtained as a result
from the CFD model; k, is the fin material’s thermal conductivity (in W/m K); f; is the fin thickness;
and 7, is the external tube radius. The variable ¢ is given as:

¢ = (rﬂ - 1) [1+0351n(R/ )] (14)

where R is the radius of an equivalent circular fin having an identical efficiency as the rectangular

fin. The ratio R/, for a staggered hexagonal tube bundle, it is shown in Figure 6 can be calculated
as follows:

rﬁ =127y —0.3 (15)

o
where, ¥ = M /1, and 3 = L /M. Figure 7 (a) and (b) give the results of these calculations for the
local heat transfer coefficient and the fin efficiency for each fin respectively. These indicate that
heat transfer coefficient as well as the fin efficiency vary locally depending on the prevailing flow
conditions. The fins with the highest heat transfer coefficients are the least efficient. This is
obviously the case when external fins 1 and 21 are considered. The heat transfer coefficients with
the largest magnitudes were obtained at these fin locations (98.115 and 98.329 W/m2-K) and the
lowest average efficiency was 0.748 and 0.749, respectively.
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Figure 7: Local (a) heat transfer coefficient (b) fin efficiency for each fin in the heat exchanger calculated from the

Figure 8 displays contours of static temperature of the heat exchanger along with the local
magnitudes of the air heat transfer coefficient. The magnitudes of the local fin capacity of the fins
number 1,5, 9, 13, 17 and 21. The figure indicates that the temperature distribution is different for
each fin. In addition, the local magnitudes off fin efficiency and heat transfer coefficient of fins 5, 9,
13 and 17 are within a similar range due to differences in thermal characteristics of the heat
exchanger fins, the condition in a fin should not be generalised to others, and thus it is imperative
to evaluate the entire heat exchanger under this condition. This theory is consistent with the
concept presented by Shah and London [38], where it was observed that the coefficient of heat
transfer is not constant across its flow path but varies depending on factors such as position, entry-
length effects (due to developing boundary layers), external temperature, the physical properties
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Figure 8: Static temperature contour for selected fins in the heat exchanger
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4.3 Numerical comparison of air-side performance

The heat exchanger was numerically analysed to investigate the influence of fin spacing (F,),
longitudinal pitch (L,) and transverse pitch (T,) on the pressure gradient and heat transfer
behaviour in steady state conditions. In this comparative study, the three different effects
considered in three combinations named as Case |, Il and Il presented in Table 2. It should be noted
that Case Il is the geometry of the initial or baseline model. To explore the relationship between the
geometrical features on f and j, the flow conditions were simulated with the different heat
exchanger models designed based on the dimensions of each case.

Table 2: Cases Considered in the Parametric Study

Geometrical parameter (mm) Case Case ll Casellll
£ 3.7 4.2 4.7
Ly 20 22 24
T, 23.5 25 26.5

Figure 9 shows a cross-section indicating the longitudinal and transverse pitch geometries
respectively. The largest longitudinal and transverse pitch sizes were chosen such that the maximum
spacing gives sufficient distance to the edges of the fin. For each L, and T, values, the Colburn factor
(/) trends were analysed and it characterises the thermal behaviour of the heat exchanger. Finally,
the ratio between the two factors (i.e. j/f) known as the efficiency index was also analysed. It should
be noted that fand j were calculated using the procedure outlined in section 2.4. Considering each
geometrical parameter, a steady-state CFD simulation was performed. The air velocity was varied
from 1.0 to 5.0 m/s, while the water velocity was varied from 0.3 to 1.5 m/s. The air inlet
temperature was 25 °C while the water inlet temperature was set at 60.0 °C.

|
|

L, (Lgngimdinal Pitch)

@ .
‘ -
T
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=
Fiy - © aam
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Fy(Fin Width)

Figure 9: Fin geometry showing longitudinal and transverse pitches

4.3.1 The effect of fin spacing (Fp)

Fin spacing is a key geometrical modification that can affect the performance of a heat exchanger
especially on the air side. Studies by Chen and Ren [39] indicate that for a 2-row plate fin and tube
heat exchanger, the effect of fin spacing is rather weak. They however noted that this may not be
the case when the number of tube and fin rows increase e.g. in multi row tube bundles. This section
focuses on the effect of the gaps between fins on the thermal and the pressure drop behaviour of
the heat exchanger. The effect limits the number and size of fins that can be mounted along the



tubes in a given space. Results of three fin spacings were investigated i.e. 3.7, 4.2 and 4.7 mm.
Shown in Figure 9 are the variations of j, f, and j/f of the heat exchangers with Re|, for three different
fin spacings F,. Variations of f with Rey, is illustrated in Figure 10 (a). A substantial effect of fin
spacing on f occurs such that decreasing the fin spacing leads to a decrease in the tube surface area
and this clearly affects the pressure drop performance. It was observed that the pressure drop for
the 3.7 mm fin spacing case is higher, and this signifies a drawback of small fin spacing despite the
increased heat transfer rate obtained. The friction factor value increases by 8.4% and 8.8% when
the fin spacing varies within the ranges 4.7-4.2 mm and 4.2-3.7 mm and at Rep= 18000.
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Figure 10: Influence of a variation in fin spacing on the (a) fand (b) j factor (c) efficiency index

Figure 10 (b) similarly shows that the Colburn factor j declines with an increase in the Re. At Rep =
18000 and when F, decreases from 4.7 to 4.2 mm. From 4.2 to 3.7 mm, jincreases by 3.5% and 6.7%
respectively. Hence, higher heat transfer occurs for the heat exchanger case having a fin spacing of
3.7 mm. This means that low fin spacing promotes higher heat transfer. It should however be noted
that this can come with higher capital costs since more fins are required per unit surface area.
Furthermore, it can be said that as F, decreases, the flow likely becomes more turbulent hence
disturbing the development of the turbulent boundary layer. Figure 10 (c) presents variations of j/f
with Rej, for the three F, values considered. As before, it shows that j/f decreases as Rej, increases
with highest value observed to occur at the highest fin spacing of that which was 4.7 mm. The
explanation for increased heat transfer with a lower fin spacing value can usually be explained as
follows: the boundary layer thickness decreases with fin spacing resulting in an increase in the heat
transfer. Nevertheless, this rise has the downside of producing larger pressure drops.



4.3.2  The effect of longitudinal pitch (L)

The longitudinal distance or pitch between tubes is important in investigating the heat transfer
characteristics of fluid crossflow over heat exchanger tube banks. To examine the effect of
arrangement, a widely used approach is to relate the reliance of the heat transfer coefficient [29]
on the tube arrangement. Specifically, the magnitude of the longitudinal pitch influences the j factor
as well as the f factor. In this section, we assess the effect of the longitudinal pitch size on thermal
and pressure drop of the heat exchanger. To evaluate this effect, L,, was varied corresponding to
three different configurations of the heat exchanger. These are configurations having L, =20 mm,
22 mm, 24 mm. The relationship between the j factor with L,, values are shown in Figure 10. The
figure shows that the j factor decreases as L,, increases. For example, j decreases by 10.2% and 3.7%
when L,, varies from 20 mm to 24 mm, respectively, for Rep = 25000. As a result of increasing the
surface area of the tube by increasing Ly, the airflow becomes distributed and results in a lower
friction factor. Similarly, the same behaviour of f can be seen for . Such a response contradicts with
the phenomenon of increased heat transfer rate with heat transfer area. This is because as L,
decreases the airflow becomes restricted and almost impenetrable due to close tube spacing and
this results in an enhancement in heat transfer.
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Figure 11: The effect of varying different Lp values on the (a) Colburn factor (b) friction factor (c) efficiency index

Variations of the heat exchangers’ Fanning friction factor with Rej, for different L,, values are given
in Figure 11 (b). It clearly shows that the friction factor exhibits a similar trend as the Colburn factor
as Rep, increases, i.e. an inverse proportionality. Furthermore, a higher magnitude of f occurs at the
smallest L, i.e. 20 mm. In addition, at Rep, = 25000, f decreases by 10.1% and 4.2% when L,
changes from 20 mm to 24 mm respectively. The trends of f and j obtained with Reynolds number



here are similar to those reported by Wang and Chi [6] where they studied the effect of longitudinal
pitches (range: 1.22-1.78 mm). While the size of their heat exchanger is smaller than in the current
work, it shows increase in j and f with decreasing pitch. Furthermore, the larger magnitude of f over
j is consistent with the current heat exchanger system indicating pressure drop having a more
dominant effect on the flow behaviour over heat transfer characteristics. Figure 11 (c) shows the
relationship between the efficiency index with Rej, for the three L, values studied. It reveals j/f
decreasing as Rep, increases. Contrary to the trend of fand j, j/f is slightly higher for the larger L,s
at Rep = 10000-15000. This is because the rate of increase in j is lower than that of f. However, the
changes are very small and could be considered rather insignificant for practical applications.

4.33 The effect of Transverse Pitch (T,)

The transverse pitch is the vertical distance between the heat exchanger tubes and has been
identified to play an important role in heat transfer efficiency [40]. In the current section, the
influence of transverse pitch on f and j is investigated. CFD results for three transverse pitches T,
namely 23.5, 25 and 26.5 mm. A comparison will be made to understand transverse pitch effect on
the output factors j, f, and j/f. Figure 12 (a) indicates the trend of the heat exchangers j factor with
Rep, and it shows that the magnitude of T, clearly affects the Colburn factor which in turn influences
the heat transfer rate. In general, j decreases as the Re, increases. At Rep, = 30000 and when the
T, is decreases within the two ranges i.e. 26.5 to 25 mm and 25 to 23.5 mm, j increases by 7.6% and
3.1%, respectively. Thus, a higher rate of heat transfer occurs for the heat exchanger case having
T, = 23.5 mm, i.e. the lowest T, size considered. This trend exhibited by the heat exchanger is
consistent with that exhibited by varying L,,.
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The variation of f with Rep, for the different T, values is illustrated in Figure 12 (b). It shows that,
as Rey, increases, f tends to decline for all the three cases of T,. A larger f was obtained at a low Tj,
of 23.5 mm. Such a trend exhibited by the heat exchanger can be explained by the fact that the
surface areas of the tubes increases as T, increases and an expanding flow area results in lower
pressure drop. The variation of j/f with Re, for each of the T, values are illustrated in Figure 12 (c).
The figure shows that j/f decreases as Re|, increases meaning a higher j/f value occurs at the highest
T, studied i.e. 26.5 mm. This represents a change for the three cases when compared with the
behaviour of fandj and this is a reflection of their effect on the thermal and pressure characteristics
on the air side.

4.4 New empirical correlations for the Colburn and friction factor

During initial and detailed design stages of process and in particular heat exchanger systems, it is
useful to have prior knowledge of the thermal-hydraulic characteristics to enable the determination
of desired process variable ranges; selection of process equipment, tube sizes, material types,
appropriate material thicknesses, etc. For this reason, the development of empirical correlations
relating response parameters such as j and f is of utmost importance. Traditionally, use is made of
geometrical features of the heat exchanger as well as its heating and flow parameters to correlate
the data in non-dimensional form. For fin-and-tube heat exchangers, previous authors [41], [42]
have used the Reynolds number, fin thickness, transverse and longitudinal pitches.

In the current study, the results presented in the previous section which analysed the effect of
geometrical features on the thermal performance of the heat exchanger were used to generate a
new empirical correlation one for each of f and j factors. As shown, f and j, which represent the
pressure drop and thermal characteristics respectively are profoundly affected by the rate of fluid
flow and heat exchanger geometry characterised by the fin spacing, as well as their transverse and
longitudinal pitch sizes. Therefore, it is imperative to correlate the factors with the geometrical
parameters. Hence, the dimensionless quantities used to develop the correlations are Rep, E,/D,,
L,/F, and T,/Fy. The application of power law correlation methods with least squares regression is
a common approach to related independent variables with output parameters and there are
numerous examples of this approach in both open and internal flow research [43]-[45]. The
coefficients and indexes of the power law relationships are regression constants that were
determined by fitting the CFD data to the power law equation using the least squares method.
Applying the method yielded the following relationships for j and f as a function of the fin spacing,
longitudinal and transverse pitches, using multiple nonlinear least squares regression as follows:

—-0.41 —-0.82 —1.00
S TSI CTS
[ w
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where F, is the fin spacing, D, is the outer diameter of the fin collar, F, is the width of the fin, and
Fy is the height of the fin. The form equations are similar in form to those derived by Wang et al. [7]
who expressed j and fin terms of the Reynolds number, fin thickness to fin collar outside diameter
ratio, dimensionless fin pitch, and number of tube rows for plate fin-and-tube heat exchangers with
plane fins. The Reynolds number index was negative as was obtained here indicating an inverse
relationship with the j and f factors as shown in Figure 9 to Figure 11. Just as any empirical
correlation, Equations (16) and (17) have limitations which include being only applicable to multi-
tube and fin heat exchanger with plain fins. They were also developed based on the heating cycle
only and do not represent the behaviour of the cooling cycle, and apply to forced convection heat



transfer only. Their application should not be extrapolated far beyond the range of data from which
they were derived.
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Figure 13: Comparison of the correlation-predicted and CFD-calculated values of the (a) Colburn Factor and (b)
Fanning friction factor

The correlation coefficient of the calculated and predicted equation are 0.987 and 0.977,
respectively. Based on these, it can be stated that there is a strong correlation between the available
data and the developed empirical relationships. As a result, the correlations can be utilised for the
design of a multi-tube and fin heat exchanger with plain fins with a significant level of confidence.
Figure 13 (a) and (b) shows the relationship between the CFD values and those of j and f predicted
by Equations (16) and (17) respectively, and indicates that the percentage changes in the calculated
and predicted values of j and f are well within the £10% error bands. It can therefore be concluded
that the correlations can predict the pressure drop and thermal behaviour represented by the f and
j factors respectively with satisfactory accuracy.

5 CONCLUSIONS

A detailed well-validated numerical study of the flow characteristics of the working fluids in a multi-
tube and fin heat exchanger with plain fins has performed and the main findings of the study can be
summarised as follows. A numerical CFD model was created for the full heat exchanger unit,
simulated and well-validated against experimental results under a range of operating conditions. It
indicated that the CFD model could be used for further investigation including of local
parameters with different design modifications. Secondly, the CFD results were used for the
determination of heat transfer coefficients, local fin efficiency, and friction factors for the heat
exchangers. This analysis shows that full three-dimensional modelling is needed to achieve accurate
results. In addition, the results indicate that simplified single-fin geometries often used in literature
may not give sufficient accuracy for estimating the thermal and flow performance of the overall
FCU. Therefore, simulation using a full 3D CFD model therefore makes an important contribution to
the understanding and modelling of such heat exchangers. Under the steady state conditions
studied, longitudinal and transverse pitch as well as fin spacing have marked effects on the pressure
drop and heat transfer characteristics of the heat exchanger. Minimising the spacing of the
fins can improve heat transfer characteristics. Nevertheless, it has the potential to substantially
increase the pressure drop across the heat exchanger and hence increased operating costs. Finally,
a comprehensive parametric study was done to evaluate the effect of fin spacing, the transverse
and longitudinal pitch sizes on the j and f factors of the heat exchanger in several steady state
conditions. As a consequence of numerical results of the parametric study, new relationships have
been derived for the j and f factors. It was demonstrated that the models can satisfactorily predict



the pressure drop and thermal characteristics as a function of the heat exchanger’s geometrical
parameters. Both equations can therefore be used dimensional optimisation of a heat exchanger
during the design process.

6 NOMENCLATURE

Symbol Description Units
A, Heat transfer surface areas for air m?
A, Heat transfer surface areas for water m?

Ayan Heat transfer area of the wall m?
A, Flow cross sectional area m?
Ay Total surface area m?

Cpy, Specific heats for water J/kg K
Cp, Specific heats for air J/kg K
Cmin Mass X Specific heat capacity of fluid with a lower heat capacity rate  kJ/sec K
f Fanning friction factor
E, Fin spacing m
ft fin thickness m
h,, Heat transfer coefficient for water W ,/m? K
hg Heat transfer coefficient for air W ,/m? K
j Colburn factor
i/f Efficiency index

kwan Thermal conductivity of the wall material W/m K
K; Abrupt contraction pressure-loss coefficient
K, Abrupt expansion pressure-loss coefficient
Ka Thermal conductivity of the fin material W/m K
Lp Longitudinal pitch m

m,, Mass flow rate for water kg/sec
mg Mass flow rate for air kg/sec
Pr Prandtl number

AP Pressure drop Pa
Oy Heat transfer rate for water w
Q, Heat transfer rate for air w

Qavg Average heat transfer rate w

Ry au Wall thermal resistance m?K
7, Outer radius of the tube m
R radius of a circular fin which has the same efficiency as the m

rectangular fin

Rep Reynolds number

Twi Water inlet temperature K
Two Water outlet temperature K
Ty Air inlet temperature K
Ta0 Air outlet temperature K

To Transverse pitch m

U Overall heat transfer coefficient w/m? K
y* Non-dimensional distance from the wall m

Greek symbols

Swall Wall thickness m

£ Heat exchanger effectiveness




ul: Fin efficiency %
P Fluid density kg/m3
P1 Density of air inlet kg/m3
P2 Density of air outlet kg/m3
Pm Mean density kg/m?3
o Ratio of the minimum flow area to the frontal area
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