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DISCHARGE GAS TEMPERATURE CONTROL IN RECIPROCATING HERMETIC
COMPRESSORS MODIFIED FOR R134a/R22 REFRIGERANTS OPERATION
AS SUBSTITUTES OF PRESENT R12/R502

F.Peruzzi - G.Lampugnani - ASPERA Div.of Whirlpool Italia Srf

Abstract

Discharge gas temperature value is an indicator of compressor safe operating conditions,
particularly on R12 and R502 commercial applications. These refrigerants will be replaced very
s00n by R134a and R22 respectively, also if R22 is not considered a final solution.

High discharge temperatures are typical in LBP-R22 hermetic compressors qperating at low
evaporating temperature as low as -40°C; lower values are found in LBP-R12 compressors
aperating at R134a, but with limitations to about -30°C evaporating temperature to avoid volumetrc
efficiency losses.

Modifications were introduced on L8P R502 Compressars to reduce the discharge temperature
or R22 operations; the final solution was to shift the discharge muffler from crankcase to cylinder
head, limiting the heat transfer to cyhinder.

The same principle, testad on LBP R12/R134a compressors, confirmed lower discharge
temperatures but with marginal effects on performances.

Introduction

The present work is mainly related to hermetic recipro.compressors series for LBP commercial
applications, ranging up to 1050 W max rated capacity at R502. Max displacement 20.4 cm?3.
These compressors must work safely at evaporating temperatures as low as -40°C and withstand
the high discharge pressure during pull-down periods,

Care must be taken to avoid excessive superheating of return gas; a suction temperature of 18°C
is recommencded.

The commonly used refrigerant for these applications is R502. Reirigerant R12 is also used but
with evaporating temperature limitation at value of -30°C. For both refrigerants it was necessary
to find a shortterm substitution to accomplish the growing trend to ban CFC first from
public-addressed-appliances, like super-market distribution of frazen foods.

The results obtained to improve R502 operation are positively applicable also to R12 refrigerant
COMpressors,

The choice was to use R22 as replacement of RS02 for these reasons .

= low Ozone-Depletion-Potential (0.05 v5.0.3 of R502 and 1.0 of R12)
= ©asy supply and low cost
+ available lubricants (naphtenic or synthetic oils)

+ notyet available R22 replacement

The R134a substitution of AS02 was not considered for these reasens :
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. low specific cooling capacity vs.R12 and lower than R502
. inherent low volumetric efficiency of R134a at very low evaporating temperatures

. compressor displacement to be increased of more than 100%, not feasible on the same
pump design.

The R22 operation of R502 LBP compressors nevertheless implies :

. higher discharge gas temperature, more than 50°K, due also to cp/cy ratio of 1.18 (R22) vs.
1135 (R502).

. special lubricant oil to avoid valve coking
. stainless steel valve |eaf to avoid life shortening

. displacement increase of 10%, on the same pump design and assembly, to obtain the
same cooling capacity of R502 operation.

Other considerations are detailed in reference (3).
Compressor design features and modifications

The reference compressor is the T series modei. The design is basically a scaling up of the
standard LBP compressors B and E series for domestic refrigeration (see fig.1). The man
common features of T models are :

. top single cylinder pump, displacement rangé 125223 cm?

. two suction and two discharge mufflers embodied in crankcase casting at each side of
cylinder

. indirect suction system in order to avoid effects of strang transient liquid return dunng hot
gas defrost cycle, typical of commercial applications.

The performance curves of original T compressor (20.4 cm?® displacement model) are plotted in
fig.3, vs.evaporating temperature, in R502 and R22 operation.

The first main issue to solve was to reduce the discharge temperature in R22 to acceptable values,

secondary to increase the cooling capacity and efficiency (EER); in any case the modifications
were such as to be compatible with present tooling and assembly lines and within acceptable

cost increase vs.original design.
The following modifications, reported in fig.2, have been evaiuated and tested

A) Improve the electric motor efficiency, that is to reduce the heat generated in stator windings
and in magnetic circuits, included rotor.

The affect of motor improvements, particularly leaving the same starting and high load operation,
was not significant on performances.
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B) More-direct suction, obtainable by changing the suction tubse position in the envelope but
avoiding possible liquid-slug effect, is more significant, but not sufficient because the gas is
heated in the ducts of two cast-ron mufflers embodied in the crankcase casting.

C) Reducs the suction gas overheating from discharge side, by cylinder head "composite”
design (metai and plastic), to avoid the heat transfer to inlet gas from hotter discharge gas in
the same head.

The effect was also significant, but not such to justify the modification and related development
time, including the plastic material and fastening system choice.

D) Discharge muffler system shifted from crankcase to cylinder head, to avoid direct heat
transfer to cylinder and gas during the compression stroke from adjacent crankcase mufflers.

The effect on discharge gas temperature was significant and justified the development of the
modification, including the new muffler and related noise and pulsation damping optimization.

The ralative quantitative results are reparted in the table of fig.4.
Discussion on results

The discharge gas reduction obtained with solution D, is sufficient to obtain a safe operating
discharge temperature for R22 operation Better resuits can be also obtained adding the
composite head.

Plotting the data of internal discharge gas measurements vs. the current external measurements
on discharge tube, has been obtained an auxiliary good correlation graph, useful also for
application operation (see fig.5). Other effects of heat transfer reduction during the compression
phase are on the cooling Capacity and the efficiency (EER) increase, see also fig.4.

Some authors have studied the heat transter effects on compression and expansion phase,
including also the re-expansion of the gas trapped in the residual volume (dead-space
volume)(1),(4). The results of these studies are strictly related to compressor design and to heat
transfer surfaces between hot parts and cooler parts, and it is impossible to calculate the
advantages on compressor performances, in R12 or in R134a operation,

Extension to high-EER LBP compressors for hermetic applications

To evaluate the heat transfer reduction effect, one high-EER (R12) compressor (BYM series) has
been tested with crankcase discharge mufflers and the same model modified with external muffler,
minimizing the gas heating in the compression phase. The modification is sketched in fig.6.

The resuits, reported in fig.7, show a lower values of discharge temperature buta negligible effect
on the EER and capacity.

One possible explanation of this result is that the lower heat from mufffer to compression chamber .
due to conduction thru the crankcase and cylinder walls 15 approximately balanced by the higher
suction gas temperature due to muffler convection heattransfer, that pratically canceals the other
positive effect.

Some calculation have been performed to explain this compensating effect on R12 comprassor

efficiency, but the internal flow assumptions give some uncertamnties that would require a separate
study.
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In any case, the effect of reduced discharge temperature is positive on application for lower
condenser load and to reduce the risk of coking at high climate temperature.

Extension to new compressor design

To investigate about the advantages of lower heat transfer to compression gas phase, two
low-capacity compressors prototypes were tested (see fig.B) -

+  X1:detachabie cylinder sleeve and with sufficient gap to reduce the heat conduction
from discharge muffler

. X2:conventional cylinder and crankcase design

The test results with R134a and R12 refrigerants (see fig.9) show :
R134a: .

. lower discharge temperature of X1 v8.X2: -5°C

. slight higher capacity and EER of X1 vs.X2

R12:

. lower discharge temperature of X1 v§.X2: -3°C

. slight higher capacity of EER of X1 vs.X2

. same EER

Discussion

. Absolute lower discharge values were confirmed on A134a operation vs.R12 on both X1
and X2

. The detachable-sieeve (X1) design reduces of about 5°C the discharge termnperature vs.X2
standard design

. The final choice between X1 and X2, considering aiso the small difference in performance,
will evaluate the inherent higher cost of detachable sieeve technology . The advantages of
X1 vs, X2 are: assembly time reduction, simpler one-piéce con-rod, higher precision
"matehing” of pistan and sleeve obtainable during machining operation.
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ASPERA LBP HERMETIC COMPRESSORS

T SERIES COMPRESSORS - COMMERCIAL APPLICATIONS

R502, R12, R22 (Air Conditaning]
.Alternative Refrigerants: R22, R134g

Displacement Range:

Present Relngerants:

12.5 - 22.3 cc; mex bore: 37.0 mm

E SERIES COMPRESSORS - DOMESTIC AND
Praseat Refrigerants: R12, 22

Alternative Refrgerants: R22, R134a
Disolacement Rangs:

COMMERCIAL APPLICATIONS

8.9 - 14.2 ce; max bore: 27.8 mm

B SERIES COMPRESSORS - DOMESTIC APPLICATIONS
Present Refrigerants: R12

Alternative Refrigergnts: R22, R134a
Displacement Range: 5.9 - 8.9 ¢c; max bore: 25 .4 mm
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T SERIES COMPRESSORS - MODIFICATION LIST
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Improvement of Reliability of Compressors
for Domestic Refrigerators using HFC134a

Tadashi lizuka, Reishi Naka,

Hiroaki Hata, Masahiko Gommori, Akihiko Ishiyama
Tochigi Works, Hitachi, Ltd.
’ Japan

Yoshiharu Homma
Hitachi Research Laboratory, Hitachi, Ldt.
Japan

ABSTRACT

In conserning with the trend for the phaseout of CFC's ,,, we have
developed the technology for the rolling piston type rotary compressors  for
refrigerators using HFCI34a. It is known that the reliability of COmpressors is
less when using HFC13da for conventional compressors without any modifications
than that when using CFC1Z », .

We have estimated some kinds of refrigerating oil, materials for moLors,
mechanical parts, and their compatibility for HFC134a. The life test using the
compressors with the new oil, motor materials ,and modified mechanical parts
was carried out and it has been found that the reliability equivalent to that
of CFC12 system can be majntained.

However, this test only could estimate the reliability of compressors
under a certain limited condition. So We are now continuing extend examination
to adapt the above-mentioned technology to various actual use.

L. INTRODUCTION

CFC's are regulated to be completely phased out in the mid-1990" s,
HFC134a is regarded as the alternative refrigerant for CEC12 ip refrigeration
system. It was proceeded that the reliability of compressors becomes less when
using HFC134a in the current compressors or refrigeration system without any
modifications because of the poor amount of oil return, less lubricity of the
refrigerant, and so on.

To solve this problem, we have especially concentrated to estimate
ester type oil which has good solubility with HFC134a and we have developed
suitable oil for the compressors for refrigerators which has the optimum
chemical structure, suitable viscosity grade and the additives to improve the
characteristics, To maintain the reljability of compressors, it is one of the
most important technique to control the acid value in oil. It was necessary to
estimate the compatibility of the materials for motors under the condition of
the co-exsisting of HFC134a and oil and to choose the optimuy materials,
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And to recover the less lubricity of HFC134a in comparison with CFCl2,
modified design for the mechanical parts of a compressor was adopted to improve
the durability. In this paper, the rolling piston iype rotary COMPTESSOrs
modified for HFC134a by using the above-mentioned technique were estimated in
the accelerated life test of refrigerators and it was found that the
reliability of the compressors equal to that used for CFC12 was maintained.

2. DEVELOPEMENT OF NEW REFRIGERATING OIL

Some kinds of ester oil was estimated for their good solubility with
WFC134a. The examipation was carried out to investigate the relationship
between the chemical structure and the chemical stability. The characteristies
required for refrigerating oil are shown in Fig.1 and the schematic of chemical
behavior of ester oil for HFC134a is shown in Fig.2. [t is most important to
control the acidity to minimum value by reducing both the initially remained
acid in the base oil and that composited in the hydrolysis reaction under the
driving condition of a compressor, This means that the technique is necessary
to reduce the amount of fatty acid that causes the corrosion wear of the
gechanical parts in a compressor and metal soap composited by corrosion that
remains on the wall of the pipes in a refrigerator, Therefore,the improvement
of the chepical stability of oil is the most important subject in the
developement of a new oil.

9.1 Choice of Base 0il and Characteristics of Base 0il

It has been found that the viscosity grade of oil VG15 or VG32 is
suitable for rolling piston type rotary COMPressors a . Some kinds of ester oil
were chosen as the base oil to be examined, and they were chosen from hindered
type ester which is composited from polyhydric aleohol and fatty acid, and also
chosen from complexed type ester which is composited by adding polybasic acid
to hindered type ester. Table 1 shows the structures of synthetic luburicants
for refrigerator and Table 2 shows the characteristics of refrigerating oils
for domestic refrigerators. Their acid value was controlled below the level of
AB oil. The both type of ester oil are suitable as the refrigerating oil for
refrigerators in their characteristics, such as solubility with HFC134a, pour
point, volumetric electrical resistance and so on.

9.9 Characteristic for Hydrolysis Reaction

The characteristic for hydrolysis reaction is estimated by sealed tube
test for the chosen ester oil with some amount of water added intentionally.The
result of the test is shown in Fig.3. The increased value of acidity was higher
in complexed type ester than that in hindered type ester which has smaller
aumber of ester base than complexed type. )

2.3 Function Of Additives
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It is effective to use the additive and make it react with the fatty
acid in ester oil. The stabilizers A and B were chosen for their good
solubility with ester oil and estimated their function as acid catching agent,
The effective function to control the acid value not to increase was realized
by additivating the stabilizers to ester oil as also shown in Fig.3. As shown
in Fig.4, it is clear that the more content of the stabilizer can get the more
effective function to eatch acid.

3. COMPATIBILITY WITH MATERIALS FOR A HFRMETIC MOTOR

It is necessary to make it clear how the materials for a hermetic motor
in & compressor change under the conditon of the co—existence of the ester oil
and HFC134a. Some kinds of materials for magnetic wires and insulation films
used for CFC12 or HCFC22 were estimated for their compatibility with the ester
0il/HFC134a systen.

3.1 Compatibility of Insulation Films

The strength of film and extraction of origomer was estimated for each
material shown in Table 3, by exposing a piece of film to the ester oil/HFC134a
mixture in cach autoclave. The amount of origomer extracted in oil was
calculated by comparing the amount of the origomer remained in a film after
finishing the test with the amount in a new film by measuring with the method
of liguid chromatography. As shown in Fig.5, the more amount of origomer is
extracted in the ester oil/HFC134a mixture in comparison with the AB oil/CFC12
mixture , In comparison between the kind of materials, the amount of extracted
origomer is more in PET-W than in PET-XS. The tensional strength of each film
is maintained better in the ester oil /HFC134a mixtupe than in the AB oil/CFC12
mixture as shown in Fig.6. The breakdown voltage for the each case was more
than 18 KV and it is the level with no problem for its electrical characteristic.

3.2 Compatibility of Magnetic Wires

The characteristes of the enamel coating was estimated for the each
material shown in Table 4, by exposing a piece of magmetic wire w0 the mixture
of 0il and refrigerant in each sealed tube, For the crazing test, the magnetic
wires inflicted 5% strain intentinally were used for examining the crazing on
the surface of the each piece. In the blister test, the blister on the each
piece of magnetic wire was examined by heat it up to 130°C within 1 minute
after the test. The breakdown voltage was measured by the method of twisted
pair test of JIS C3003. The result of the test is shown in Table 5 in
comparison with the AB oil/CFC12 system . For the single-coated enamel wire,
more crazing appeared in the ester oil/HFC134a system than in the AB oil/CFC12
systen. To prevent the crazing, annealing is necessary. In the PAG oil/HFC134a
system, the breakdown voltage was remarkablly reduced. The double-coated enamel
wire has the characteristics suitable for the both system.
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4. ROLLING PISTON TYPE ROTARY COMPRESSOR FOR HFC134a

It is known that the the ester oil/HFC134a system has less lubricity
than that of the current oil/CFC12 system because HFC134a has no chlorine which
is the component of CFC12 and acts like an anti-wear additive s . The wearing
characteristics of the materials for mechanical parts of a compressor in the
ester pil/HFC134a system are measured and the results are shown in Fig. 7 in
comparison with the curremt oil/CFCIZ system. The extreme pressure becomes
remarkablly low in the range of higher content of HFC134a in the ester oil/
HFC134a system.

To improve the anti-wear characteristic, the suitable materials and
surface treatment were chosen to make the durability of the mechanical parts
higher for the modified design of a compressor. The modified parts of a
compressor are shown in Fig. 8. The effective area of each bearing to bear the
load was extended to make the stress lower, the roughness of the sliding
surfaces was made finer and manganese phosphate surface treatment and an alloy
cast iron were adopted to improve the anti-wear characteristic, and a radiator
as a cooling method was adapted to make the temperature of a compressor lower,
Especially for a rolling piston and a vane, the condition at the sliding part
between them becomes very severe in the high -load and high ~tempareture
atmosphere, alloy cast iron for a rolling piston and oxynitriding and oxidize
surface treatment f{or & vane were adopted to improve the anti -wear
characteristic .

The thickness of the oil film at a sliding surface is propotional to
the viscosity grade of oil. The ester oils with low viscosity grade and high
viscosity grade were chosen for the examination to make the actual viscosity of
the ester oil/HFC134a mixture be equal to that of the AB oil/CFC12 mixture. For
the materials of a motor, the double-coated enamel wire and the PET-W [ilm for
insulations were chosen for its low crigomer-extract characteristic depending
on the result of the examination.

5. RELIABILITY OF A COMPRESSOR

The reliability of newly designed rolling piston —type rotary
compressors was estimated in the accelerated life test using refrigerators put
in the room controlled at the ambient temperature of 40°C. One of the main
factors affect to the reliability of a compressor, the temperature of the motor
coil was controlled in the 90-day accelerated life test. The schematic of a
refrigeration system is shown in Fig. 9. 200 g of HFCl34a refrigerant, 130 ml
of ester oil and dryer with 12 g of moleculer sieve X#-9 (munf. : UNION SHOWA)
were used for each refrigerator.

The result of the reliability test s shown in Table 6. The
refrigerator using the E2 oil without additive could nt last the test becausc
the cooling capacity decreased remarkablly for the choking of the capillary
tube and the corrosion wear of the nechanical parts in the compressor appeared
in a short term. The acid value in the oil was abnormally increased for the

decomposit of ester oil.
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The refrigerator using the low viscosity grade of E3 oil with additive
stabilizer A could last the 90-day life test, however, it was not enough
because the acid value was increased, the corrosive wear at the sliding parts
between the rolling piston and the vame, and between the shaft and the bearing
appeared, or the metal soap was found,

The refrigerators using the high viscosity grade of E6 oil with
additive stabilizer A or E7 oil with stabilizer C could last the 90-day life
test in a normal condition that the acid value was not increased to the level
of problem and no fault was found in the parts of each refrigeration cycle and
compressor. The test result shows that the reliability approximately equal to
that of the CFCI12 system can be maintained in the HFC13a system by using the
ester oil of higer viscosity grade with the stabilizer as the additive and
controlling the temperature of motor coil below 135°C.

6. SUMMARY

The technology for rolling piston type rotary compressors  used in
refrigerators adapted to HFC134a has developed.

(1) The hindered type ester oil with the epoxy additive as the acid-catch agent
which has enough anti -hydrolysis reaction and refrigerant ~proof
characteristic has developed as the refrigerant oil for the HFC134a
refrigeration system.

(2) The suitable materials for the insulation film and magnetic wire has been
found by testing their compatibility with the ester 0il/HFC134a system.

(3) The anti-wear materials, surface treatment and the radiator structure have
dveloped to improve the durability of the mechanical part in a compressor,

However,this test only could estimate the reliability of compressors
under a certain limited condition. So we are now continuing extend examination
to adapt the above-mentioned technology to the various actual use,
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Table 2 Characteristics of Refrigerating 0ils for Domestic Refrigeraiors
additive viscosity| critical solution{ Relative
oil |type temp. (T) total acid
stabilizer] anti oxidant 40T high low number
Ll C —_— P VG15 >80 <-60 1
E2 |H2+4 —_— — VG156 >80 <-60 1
E3 113 A P VG15 >80 -56 1
E4 | H3 C P VG15 >80 -56 1
E5 | H3 VG32 >80 43| 1
E6 H3 A P VG32 >80 -43 1
| E7 | H3 C P VG632 >80 -43 1
E8 14 —_— VG32 >80 ~32 1
PAG | PAG | extreme P VG56 79 <-60 1
pressure
AB AB — VYG56 e —_— 1

Scalod wube \esy condition

L1 (4 esters) agalod IENC e e —

1000 - PP o Warer-saterated ail: S
Y - Complexed UFC 1342 2 2¢
= L
o / m Catalysi; ke, Co, Al
= <A et 180T
= / 7 Paw esers e
= / ,/ each sslccular) m
2 ey / E5Q esterg
o = ! L)
=
=
Pt
g
S Additivated
«
bl
a

Time(days)
Fig.3 lvdrolysis ability and Structyre of pdditivated Esters
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0il: ES

(water comtent 20ppa)
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&
=
=
Lol
>
<
=
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Table 3 Insulation films

comprosition grade

PET-XS PET Thermal
resistant

PET-W ECA/PET/EC compatible
refrigerant

PET:polyethyl eneterephtalate
EC:Enamel Coated

eligomers:FET trimer, tetramer and PentTamer

Liquid chromatography method

Test condition
Refrigerant ;: 70¢

-

I sl 0il:70g at:130°C

= ol PET-YS UFGI34a/E 4
= R

“ wmof ’/:;::

@ L ‘n_““‘_

g P %’ET—XS CFCL2/AD
=

= [ /""';2 PET-N UFCL340/E 4
< sl Slelative 1o the level of
= L Tday CFCIZ/M

= I R BT PP A
: » z § 10 50 100

time (days)

Fig.5 Level of oligomers Extracted from Different PET
Film with Different Refrigerant/0il systeas

Table 4 Magnetic Wires

composition

inner film surface film

=ingle modified
coated wireester—imide

coated wire ester—imide

double modified Prolyamide

Table 5 Properties of magnetic wires under

the mixed refrigerating oil and refrigerant

sealed tube test(ar)50T)

crazing ability |blister |Break down voliage
oil/ time | (stretched 5%) {heating |Relativewme wair)

refrigerant|(days)| initiel lannezied 130C, 1hr [ anitiel | after

H3-15C/ 7 X @) Q 96

HFC134a [4 0 = - @] 102

Single-| H3-32C/ 7 X [« O 96

coated HFC134a |40 - - O 100 106

wire PAG/ 7 X% [@] [@] 59

HFC134z [2 0 - - @] 22

AB/ 71 0. @) Q 102

CFC12 20 1 — - 0 54

H3-15C/ 7 0 @) O 110

HFCl34z [4 0 — - [@)] 112

Double-| H3-32(/ 7 Q [@) @) 111

coated HFC134e [4 0 - = [e] 100 108

wire PAG/ 7 Q (@) @) 113

HFCl34z {40 - - [@) 115

L 18/ 10 ©) o] 112

CFC12 401 - | =T 1 113
O:Gooa X:No good -
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DEVELOPMENT OF HIGH EFFICIENCY ROTARY COMFRESSOR
FOR DOMESTIC REFRIGERATOR USING HFC-134a

Hirokatsu Kosokabe, Kazuhiro Endoh
Mechanical Engineering Research Laboratory, Hitachi, Ltd.,
Tbaraki, Japan

Hiroshi Iwata, Dr., Hiroaki Hata
Tochigi Works, Hitachi, Ltd., Tochigi, Japan

Mitsuru Fujiwara, Dr.
Muroran Institute of Technology, Hokkaido, J apan

ABSTRACT

In response to the trend for phasing out CFCs, we have developed a high efficiency
HFC-134a rotary compressor, whose total adiabatic efficiency is 9% higher than that of the
present CFC-12 one. This paper describes the causes for the usual poor performance of
rotary compressors using HFC-134a and explains how we improved the performance.

INTRODUCTION

CFCs will be phased out in the mid 1990s. Since CFC-12 is the usual refrigerant for
domestic refrigerators, alternative refrigerants urgently need to be developed. The most
promising alternative seems to be HFC-134a. However, it has been reported that when
HFC-134a is substituted for CFC-12, the performance of refrigerators and COmpressors
decreases [1,2]. Our initial test of rotary compressors using HFC-134a also showed a large

HFC-134a REFRIGERANT PROPERTIES

The refrigerant properties of CFC-12 and HFC-134a are compared in Table 1 for the
same temperature [3]. Since HFC-1344 has a lower suction pressure and a higher discharge
pressure than CFC-12, the pressure ratio of HFC-134a is 24% higher than that of CFC-12.
The theoretical coefficient of performance (COP) on the Mollier chart of HFC-134a is similar
to that of CFC-12 and this indicates no drop in efficiency using HFC-134a. On the other

INITIAL TEST

Since HFC-134a is not compatible with the mineral oi] or alkylbenzen il used with
CFC-12, it needs a new oil such as polyalkylene glycol (PAG) oil or ester oil. For the initial
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usually used for rotary compressors, whose chamber is filled with high pressure gas, and low
VG oil is used for reciprocating compressors, whose chamber is filled with low pressure gas.
In this test, the same selection was applied.

Three rotary compressors and two reciprocating compressors with different
displacements were tested. The results (see Fig. 1) show that the COP of the reciprocating
compressors using HFC-134a is almost the same as for CFC-12, but is 10 - 15% lower for
rotary compressors.

Therefore, we investigated the causes of the decrease in performance of rotary
compressors using HFC-134a [4].

EFFECT OF REFRIGERATION OIL ON PERFORMANCE

Different oil types

The performances of rotary compressors using different types of oil are shown in Fig.
9. PAG, ester 1, and ester 2 oil with a high VG were compared for a compressor with 5.8
em3/rev displacement, To examine the effect of different viscosity grade on performance,
ester 1 oil with a low VG was also tested, With PAG oil, volumetric efficiency 7v and total
adiabatic efficiency 71ad decreased by 11% and 15% respectively. The compressor using ester
1 0il with a high VG had a 3% higher 7v and a 5% higher 7tad than a compressor using PAG
oil. The ester 1 with a low VG showed a similar yy tothe high VG ester 1, but a 12% higher
7tad than the PAG oil. The COP for low VG ester 1 oil also showed 2 12% increase. The ester
2 showed a 1% higher 7. and a 3% higher 7.4 than the PAG.

The cause of the difference in performance of compressors using different types of oil
may be the difference in lubricity of each oil, but the difference in oil viscosity is more likely
to have great effect on performance from the results for ester 1 oil with a high VG and a low
VG. :

Different oil viscosity

The viscosity of the HFC-134a / oil mixture is the key factor that influences the
compressor performance. The viscosity of the mixture was measured inside the compressor
chamber during operation by attaching a viscosity sensor to the compressor (see Fig. 3). In
this sensor, the viscosity is determined from the velocity of an object which movesina fluid.
Ester 2 oils having four different VG were used. As shown in Fig. 4, there is an optimum
viscosity that maximizes COP. Refrigerating capacity has a maximum. On the other hand,
energy consumption decreases, as the viscosity decreases in the measured range. The
optimum viscosity for COP is rather smaller than the viscosity of the present CrC-12/
alkylbenzen oil mixture. There are two reasons for the existence of the optimum viscosity
for COP. First, with regard to mechanical loss, there is an optimum viscosity that minimizes
the friction loss at bearings. Second, the compression chamber of a rotary compressor is
sealed with leak-in oil through clearance and the quantity of leak-in oil depends on the
viscosity of refrigerant / oil mixture, so there is an optimum quantity of leak-in oil that is

adequate for sealing.

Fig. 5 shows COP versus viscosity of HFC-134a / cil mixtures, including the results of
other types of oil described before. The results for all types of oil are almost on a line and the
effect of different types of oil on performance is small.

This optimization of oil viscosity reduced the drop in COP of the compressor using
HFC-134a from -15% to -3%.
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EFFECT OF RE-EXPANSION LOSS ON PERFORMANCE

Another factor causing the drop in COP is the greater re-expansion loss of gas in
clearance volume V. Replacing CFC-12 with HFC-1344 increases the compression ratio II
(=Pq4/Ps) by 24% and reduces the adiabatic exponent « from 1.14 to 1,12. This results in an
increase in the re-expansion loss AL
£—1

(n = .‘l)—ﬂ,"'lJ LR TR PR (1)

1
- Kk
ALel=Ps- Vel [I1*
&=-1
In the theoretical pressure-volume diagram in Fig, 6, the shaded part represents the re-
expansion loss. The re-expansion loss for IIFC-134a is 34% higher than for CFC-12 at the
same clearance volume ratio. Thus the decrease in 7,4 due to the difference in re-expansion
loss is estimated to be about 2% for the measured compressor with the clearance volume
ratio of 1.5%,

To avoid a drop in COP or Ttad » We must reduce the clearance volume such as
discharge port volume. This will also inerease 7v because of the increase in theoretical
volumetric efficiency.

HIGHER EFFICIENCY COMPRESSOR

We investigated ways to reduce mechanical and heating losses.

Reduction of mechanical loss
a=duction of mechanical loss

We reduced the diameter of the crankshaft to reduce the frietion loss at the bearings.
The bending induced by this was reduced by adding a supplementary bearing to the end of
the motor rotor. Calculations show that the load on the supplementary bearing is much
smaller than on the other two bearings, so the increase in friction loss due to the
supplementary bearing is negligible.

The roughness of a vane slot was halved to reduce the friction loss at the sides of a
vane.

These two reductions of mechanical loss led to an estimated 3% increase in paq.

Reduction of heating loss

Since the flow rate of refrigerantin a domestic refrigerator is much smaller than that
in an air-conditioner, the refrigerant gas in a refrigerator compressor is affected more by

chamber of 2 compressor, the low temperature gas is heated through the suection pipe wall
by the high temperature discharge gas inside the chamber, Thus the specific volume of the
suction gas becomes large and 7vdecreases. Consequently, 7tad also decreases, Therefore, to
reduce the heating loss of suction gas, we used a double suction pipe with an insulating
layer between the two Pipes, instead of a single pipe. Experiments showed that the double
suction pipe increases 7v by 2% and 7tad by 0.7%. The increase of 7tad is rather small,
compared with that of »,,

Fig. 7 shows the change in gas temperature inside the compressor. For the double

pipe, the gas temperature at the cylinder inlet decreases by 12°C, compared to that for the
single pipe, but the gas temperature at the cylinder outlet only decreases by 2°C. The gas

suggests that the reason the double suction pipe only produces a small increase in Ttad,
compared to the large increase in 7v, may be as follows, With the double pipe, the difference

841



in temperature between the suction gas and the cylinder wall is larger and the suction gasis
more subject to heating. This increases indicated work and reduces indicated efficiency.
Therefore, to obtain a large increase in yiad, We should lower the temperature of the
cylinder itsell and reduce the quantity of heat transferred to the suction gas.

As Fig. 8 shows, in the present compressor, the high temperature gas discharged from
a cylinder goes through the silencer next to the cylinder and is led to the motor side. Asa
result, the cylinder is heated. During suction, the low temperature suction gas is heated and
expanded, thus 7y decreases. At the early stage of the compression process, as previously
described, the gas receives heat from the cylinder wall and indicated work becomes large
and indicated efficiency decreases. Therefore, as shown in Fig. 8, we chose a direct discharge
passage which decreases the quantity of heat transferred to the cylinder. The high
temperature discharge gas is led directly to the outside of the chamber. Then it is cooled by
passing it through the radiating pipe and is returned to the inside of the chamber. With the
change in length of the radiating pipes, we examined the performance versus the quantity of
radiating heat (see Fig. 9). The quantity of radiating heat is represented as the percentage
of the consumption energy. As shown in this figure, as the quantity of radiating heat
{ncreases, the temperature of the cylinder wall and motor wire decreases and 7y increases
significantly. 71ad also increases significantly but it has a saturation point. Since in the
study of refrigeration oil, HFC-134a / oil mixture viscosity increased as the temperature
decreased, 7¢ad is likely to be influenced by the increasing viscosity of the mixture. This
method inereases 7y by 4% and 7tad by 5% for a temperature decrease of 15°C.

PERFORMANCE OF PROTOTYPE COMPRESSOR USING HFC-134a
Structure

We constructed a prototype compressor incorporating all of the improvements
described above; namely, optimized oil viscosity, reduced clearance volume at discharge
port, reduced crankshaft diameter, reduced vane slot roughness, insulated suction pipe, and
added direct discharge passage. The structure of this prototype is shown in Fig. 10.

Performance

Fa-ieislyiiL o

The performance of the prototype compressor is shown in Fig. 11, compared with the
present compressor using CFC-12 and the initial test nsing HFC-1342. 71ad of the prototype
compressor is 9% higher than that of the present compressor using CFC-12. This is a 24%
increase over the initial test and is close to the sum of performance increases expected from
each improvement. Although it is difficult to distinguish individual contributions, they are
probably; 43% by optimized oil viscosity, 16% by reduced clearance volume, that is, reduced
re-expansion loss, 27% by reduced heating loss, and 15% by reduced mechanical loss.

The 7y of the prototype compressor is 5% higher than that of the present one. This
results from the optimized oil viscosity, reduced clearance volume, and reduced heating loss.

CONCLUSION

When HFC-134a is substituted for CFC-12 in a rotary compressor, the performance
decreases. The main causes of this performance decrease are the higher viscosity of the
HFC-134a / oil mixture, and the greater re-expansion loss of gas in clearance volume.

The performance can be improved by optimizing the oil viscosity by directly

measuring the viscosity of the HFC-134a / oil mixture inside the compressor chamber with a
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viscosity sensor, and by reducing heating loss during compression with the direct discharge
passage which decreases the temperature of the cylinder.

Using these methods, we have developed a high efficiency HFC-134a rotary
compressor, whose 754 is 9% higher than that of the present CFC-12 one.
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Tablel Refrigerant properties of
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o
Discharge pressure (MPa) 0111 0.095 .% 1.0 e
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ABSTRACT

A proto type compressor using HFC 134a as a working substance is designed.
As the specific volume of HFC 134a is larger than that of CFC 12.the mass flow rate and
capacity are decreased. Reduction of residual gas and suction gas temperature and
improvement of suction gas passage, actor efficiency, use of low viscocity oil are
considered to improve the performance of a HFC 134a COWPressor. By these modifications,
the COP of ( Coefficient of Performance ) HFC 134a compressor could be Improved by 20 %.
The results of compressor life tests and compatibility tests practiced with 4 kinds of
ester oil are reported.

NOMENCLATURE
A area of suction muffler inlet \' suction muffler volume
c speed of sound vd displacement
fe cut off frequency of suction muffler Va specific volume
L length of suction muffler Inlet Wers  lsentropic work
Ls Attenuation Viosa emergy loss during gas compression
] mass flow rate Waz energy consumption using 32 cst oil
Dicak leakage Wis energy cohsumption using 15 cst ajl
Q capacity N rpa
Aheva  difference of enthalpy betuween v volumetric efficiency
evaporator outlet and inlet
INTRODUCTION

After the publication of the critics) effect of the CFCs on the earth's atmosphere,
extensive works have been dome to search for mew refrigerant to substitute for CFCs,
CFC 12 has been widely used as a refrigerant in the refrigeration field due to its
excellent  thermodynamic properties, chemical stability, non-toxicity, non—flammability.

HFC 134a, slthough it does not possess all the necessary and sufficient conditions,
is currently being studied to replace the CFC 12 as it has relatively siailar thermody~
~namic properties with CFC 12.

The problems to be solved to use HFC 134a as a new refrigerant may be listed as follows.
(1) Performance
(2) Development of new lubricant

(3) Material compatibility Table 1.

It can be said that one of difficult problems of
HFC 1342 iz a capacity drop resulted from its relatively . HFC 134a | CFC 12
large specific volume, (Table 1) Although this capacity
drop may be easily compensated for by the simple n 0.7 1
increase of displacement volume, it is wore effective Ahova 1.24 1
to find ways to incresse mass flow rate with current Q 0.87 1
displacesent volume as it is not always possible to

increase displacesent voluge and it does not imply
improvement of efficiency,

As HFC 1342 shows very poor miscibility with mineral oil, it is necessary to develop
new lubricant miscible with HFC 134a.  Although much work has been done with PAG, polyol
ester shows more possibility than PAG in view of hygroseopicity and lubricity. However
thermal stability, hydrological stability, still need to be estimated for the compressor
reliability. This study is to review Reasures to improve a compressor performance,
to discuss lubricant probles and materials compatibility using HFC 134a as a working fluid.
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PERFORMANCE

(1) Model Compressor

Table 2
Ball joint type reciprocating compressor is Specification

used for this study. This model is widely

applicated in the dowestic refrigeration sarket. Capacity * 200 keal/h

Specification is sumsarized in Table 2. Bore 23,5 um
Displacenent 7.02 cc/rev
motor output 175 watt
Dimension $159 x H 170

¥ with CFC 12
(2) Method of approach
Gereral losses in a reciprocating compressor are shoun in Fig.l for the purpose of

brief overview. The mass flow rate, capacity, and COP may be written
as equations (1),(2),(3).
BON 7mv Ya
[ =~ MDioak )
Va
Q=n Ahova (2)
Q 8 Aheva
Cop = = (3)
v Waff + Wione
Equation (3) is chosen as a objective function of this study. Each physical factors
affecting the objective function will be reviewed. The way of approach is very simple,
improvement of volusetric efficiency, reduction of specific volume to increase Bass flow
rate, and reduction of msechanical and electrical losses. Many previous studies were

interested only in the reduction of energy losses to improve compressor efficiency, while
this study is rather interested in the increase of mass flow rate as a tool of improving
the COP. The degree of compressor design optimization will be peasureded by the
convergence of real mass flow rate to the ideal mass flow rate. For this purpose, one Rmay
define a new paraseter coefficient of mass flow rate 7wt as follous.
real mass flow rate
Twt = ——— (4)

ideal mass flow rate

Ideal mass flow rate is obtainable only when 7v =1, Dleak = 0, aue = 0, suction gas
preheat during suction process = 0, Therefore the vay to the design wodification is
evident, 7ur = 1, Vicas = 0.

IDEAL MASS FLOW TOTAL PEWER CONSUMPTION
A—
‘ " @ | (D SUCTIIN GAS PREHEAT | D | DLEAKED GAS ENERGY
— @ | (DCOMPRESSIDN LOSS
@ (@ SUCTION PRESSURE DROP 1
- — @ | @HECHANICAL LOSS
‘ @ | (D RESIDUAL GAS F—

@ | @ LEAKAGE BACK FLOV | @ ‘ (@ MOTOR LOSS
!' ® ® UNKNOWN

® (B) REAL MaSS FLOW . @ | GISENTROFIC WORK

e ———

(a) MASS FLOW RATE (b) ENERGY CONSUMPTION
FIG. 1 GENERAL LOSSES IN A RECIPROCATING COMPRESSOR
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Effect of suctjon £as temperature

There are many previous studies on the effect of suction gas temperature. Specific
voluse of suction gas is reduced as the decrease of suction €as temperature to increase
the mass flow rate, while the gas compresson work is not so sensitive to the gas
temperature, /2/ It can be said that the effect of suction gas temperature ig straight-
forward and the amount of reduction simply depends on the system design. Ve could reduce
5C of suction gas temperature to improve 2 % of capacity, 1.5 % of cop with the
increased shell surface area (10 2) and nearer semi direct suction, shape improvement of
suction inlet to prevent suction gas from being dispersed at the suction pipe.

Effect of suction pressure drop

As the pressure drop during suction Process causes increase of specific volume and
decrease of capacity, reduction of pressure drop results in improvement of capacity and
efficiency. While suction loss can be divided into two parts — suction valve loss and
suction passage loss, we simply confined our interest only to the suction Ppassage
loss, and reduction of pressure drop by 0.01 kgf/ca G showed 3 2 increase of capacity,
2.5 % improvement of CoP, The reduction of Pressure drop was achieved by the
simplification of suction muffler structure, (increase of A and decrease of L)

One thing to be mentioned here is that

the cut-off frequency of suction auffler

is shifted up due to the difference of CFC 12

sonic velocities in CFC 12 and HFC 124a, Ls -
( Ctaun / Ciz2 = 1.15) - HFC 1340

=] A

fo=2 — |—

(5)
2z | Lv fe

As it can be said that compressor

W7
noise level is proportionsl to the cut~ ( W/’ Hz

off frequency of suction muffler, this
shift up may be regarded as one source
of rather noisy HFC 134a compressor-.

And slso the shift up of cut—off FIG. 2 SHIFT OF CUT-OFF FREGUENCY
frequency accompanied with the muffler structure must be reduced for the even
compressor nolse level. Table 3 susmarizes these procesure.

Table 3. Shift up of suction auffler cut off frequency
due to the difference of sonic velocity

conventional| conventional proto~type | Improved design
design with design with design with with HFC 134a
CFC 12 HFC 134a HFC 134a
ratio of cut off frequency 1 1.15 1.8 1.1

noise level reference +1-~24dB + 3 dB less than 1 dB

capacity - reference +3Z +3%

cop ~ reference +2.5% +2.5%

7Kcal/h

Effect of resjdua] gas copacrty
Many previous studies on the —
effect of residual gas conclude

that clearance volume can be op~
timised for any given piston and
valve plate design. /3/ l
The residual gas prevent fresh cor &__’
new gas from being sucted during 2.3%
re-expansion process, while too
small a clearance volume increases
over-compression loss.

The performance was best at the
0.7 % clearance volume ratio, and

0772 1% sz 2% relsidunl
' Fig. 3 Effect of restual gas V'OWUM®
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this was also geometrically po-
ssible. 1.4 % increase of
capacity and 2.3 % of COPwere y32 - Vi3
schieved by the modulation of [Wottl N
residual voluse. 5 \
Effect of low viscosity oil ™~
\\
Frictional loss can be reduced ] N
by the use of low viscosity oil. 31 W
Fig. 4 shows the differences of ™~
power consumption between 32 cst \
and 15 cst lubricants. The effect .
of low viscosity oil is more rema- 1 ~
rkable when the shell temperature \
iz low.
Inprovepent of motor efficiency 30 60 70 80 Dome Temp.
Fig. 4 Effect of low viscosity ol
while motor design of hermetic compressor is restricted by Table 4
the required starting characteristics, reduction of the coeffi~ Motor improvesent
cient of friction by the surface treatment on the shaft and -
bearing makes room for the improvement of motor efficiency. core material 3%
Symming up all the effect of improved core material, reduced open slot 2%
wotor open slot, air gap, we could improve motor efficency from air gap 2%
70 % to 80 X . Table 4 shows the comparison of motor specifica— torque 3%
tions. reduction

Fig.5 shows every effect of compressor design modifications.

CFC 12 compressor HFC 1340 compressor
care
W | @00 Keal/w (200 Keal/h>
150 145 ¥
EFFicle;&cy
140 Improvement
130 125 % 7% suction gas pessage 2.3 %
residual gas 23 %
120! | suction gus temp, L5 %
i l low viscosity ot 30 %
1 notor efficlency 100 %
_ L | |

fFig. 5 Performance comparison

LUBRICANT

1 complex type ester and 3 hindered type esters are tested for the HFC 134a
compressor (Table 5). The comparison was done by the T.A.N.( Total Acid Number) and
aetal contents in the life tested lubricants (Table 6). Although conventional method
like falex laad and wear test are very effective more emphasis was put on the real test.

The hydrolysis of esters aay be regarded as one source of future troubles. Our
simulative test is accelerating the hydrolysis by heat and intentionally added moisture.
The hydrolysis is rated by the change of T.AN, The test condition and result of
lubricants® hydrolysis are described at Table 7. The effect of metal surface treataent
on the wear is presented in Table 8. The influence of moisture on the wear is shown in

Table 9.
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Table 5 Typical properties of lubricant Table 6 Analysis of used Lub.
(500 Hr life test)

Lubricant| Type viscosity VI T.AN,
(est) (mgkOt/g) ||  Lub, T.AN. Metal *
40C 100¢C . Element
Ester A complex 31.5 5.8 | 133 0,01 New Used | Fe Cu Al
Ester B | hindered | 22.5 4.6 |1 132  0.025 || Ester A 001 10,2610 1 1
Ester C ( hindered | 31.49| 5,22 102 o.01 Ester B] 0.025/ 0,17 | 32 1 1
Ester D hindered 32.4 5.258) 97 0.01 Ester C| 0,01 | 0.01 s 1 1
Ester D| 0.01 | 0,02 5 1 1
CFC12 1000 [030| 5 1 1
Test_condition Mineral J
Ps = 0.1 Mpa, Pd = 3.0 Mpa
Dome Temp. = 95 - 105 C
* metal content [ ppa]
Table 8 Effect of netal
Table 7 Hydrolysis surface treatment
Ll.ubrica.nt moisture T.AN, Catalyst Metal element
(pp@) | (mgKOH/g)
with 3/t without s/t
Ester A 1000/170 | 0.025/3.6 Fe,Cu,Al
Ester B 1000/ 90 | 0.01/4.8 Fe Cu Al Fe Cu Al
Ester C 1000/150 | 0.01/3.1
Ester D 1000/260 | 0.01/2.7 5 1 1] 10 1 1

Test condition
Lub/HPC1343=3/1. Duration = 175 C , 14 days

MATERIAL COMPATIBILITY

The compatibility with HFC134a/ester mixture of all the construction materia] are
tested by the autoclave test method or bomb test wethod and the results are compared with
the one practiced with CFC 12/mineral oil mixture.

One thing to be appreciated is that it is difficult to draw a general conclusion as
the compatibility test result is dependent on the characteristics of locally available
materials and lubricant.

ompatibility of Film

PET film currently being used with CFC 12 is not so compatible with HFC 134a/ester as
CFC 12/mineral oil in viev of oligomer extraction, But the one being used with HCFC 22
shows good compatibility with HFC 134a/ester. (Table 10) "

Compatibility of Ragnetic wire

Both of polyester nylon and EI/AI wire shows compatibllty with HFC 124a/ester
(Table 11).

Table 10 Compatibility of PET film Table 11 Compatibility of magnetic wire

Material Mixtyre Oligomer |Estimation Material Mixture B DV [Kkv]
wt % Before After

PET 1 R1Z/Mineral 0.28 Reference Polyester| R12/Mineral 12 6
FET 2 R12/Mineral 0.10 Batter Al/EIV R12/Mineral 12 11.6
PET 1 R134a/Fster ¢ 0.53 Vorse Polyester| R134s/Ester ¢ 12 11
PET 2 R134a/Ester B 0.05 Better AI/EIV R134a/Ester C 12 10
PET 2 R134a/Ester C 0.03 Better

Test condition 130 C x 40 Days Test condition 150¢C x 7 Days

PET 1 for CFC 12 , PET 2 for HCFC 22 * No Blister was found.
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CONCLUSION

(1) HFC 124a can be used instead of CFC 12 in the current refrigeration system. But the
compressor design modification is needed for the sake of energy efficiency. Total
of 20 % improvesent of COP was achieved in this study.

(2) Lubricant

Hindered type ester shows better characteristics of lubricant than complex type ester.

But a great amount of attention must be paid to the prevention of moisture penetratlion

(less than 40 ppa) during compressor manufacture process as there still remains

the possibility of hydrolysis.

Material Compatibility

Both of polyester nylon and EI/AL wire can be used with HFC 134a/ester while it is

necessary to review the compatibility of PET film in view of oligomer extraction.

(3
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GENERAL STABILITY AND DESIGN SPECIFICATION OF THE
BACK-PRESSURE SUPPORTED AXIALLY COMPLIANT ORBITING SCROLL
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ABSTRACT

A linear, first order relationship may be used to approximate the stability characteristic
of the back-pressure supported orbiting scroll. The resuiting average tip loads may be similarly

INTRODUCTION

The scroll compressor commonly consists of one scroll orbiting with respect to a second,
typically fixed, scroll. Hence the terms "orbiting scroll” and “fixed scroll®. These scrolls each
lmveaﬂatﬂmrporﬁononwhichisaninvolute—shaped wrap. As the scrolls intermesh, a series
ofuappedpockasmfmmedwhichdmusemsiuasmeymvelmwudsthecm,
compressing the gas within. Idnﬂytheﬁpsandﬂmlsof&ewmwmﬂdalwaysbeinligm
contact for truly sealed pockets.

Mgwwmmmmmagﬁmmemusmmmmmﬂy
and radially. Thmfmmmmbeommaedbymmemmhnismmmm. In so-called
compliantdcsigns,thescmﬂsmbmugminwmiﬁvemnmmpmpeﬂysalpuckasfor
efficient compression. ﬂesaoﬂsmheldinplwebyexmﬂfmm,umuygas-indwed,
whichallowthescmllsto‘ﬂmt'mddeﬁﬂmimthcirowngeomeuicmhﬁonmuchomu.

Compﬁanceinﬂuradialdimcﬁmisusuﬂymvidedbymednmwminmembitmg
scroll drive. In this paper we focus on compli intheui;ldimcﬁonlnddismssmetheory
and design considerations for stable operation over an arbitrary range of conditions.

FORCES ON THE SCROLLS

mfmmﬂmmbiﬁngmllmnﬁngﬁumthecompmcsmnmmshownin
Figure 1. Theradialgzsfome,Frg,amalongﬂnlinebetwemﬂlecmmofmclwomlls
and tries 10 push them apart 10 a common center, The wngemial gas force, Fig, acts at the
midpoﬁuofandpupmdiwhrmmeﬁnebﬁwemmemmofmemmns. This is the

midway along the line between the two scrolls and normal to the plane of orbiting motion. This

fmlmdswmmcmllsuially. Allfmmactqmllyandsymmetriullymbodl
scrolls.

853



compression chambers is admitted to sealed zones on the back of the orbiting scroll. The
resuiting force overcomes the axial separating force and pushes the orbiting scroll into contact
with the fixed scroll. In addition to this, it is necessacy to add an additional force increment to
overcome a characteristic overturning moment which acts on the orbiting scroll.

In Figure 2 is a diagram of the forces acting on the orbiting scroll in the plane which is
parallel to the axial and tangential gas forces. For this analysis, there is aiso an influence from
the radiat gas force, but it is very small and will be neglected for this first-order approximation.
In addition to the gas forces, there is a force applied to the drive bearing of the orbiting scroll
in response to the tangential gas force and a reaction force acting axially between the orbiting
and fixed scrolls. Force summations in the axial and tangential directions are:

BF,=0=Fp~FogFy (1)

BF=0=FF, (2)

where LFa is the axial force summation, Fbc is the net back chamber force, Fr is the scroll-to-
scroll axial reaction force, and Fb is the scroll drive bearing forve.

Sinoemenngmtialgnsfurceandburingmcﬁondonmtypicallyaaonasingleh'ne,thm:is
also an overturning moment associated with them:

EM=0=F 1-F,r (3)

where 1 is the distance between the midpoint of the scroll vane and the drive bearing (the distance
between Fig and Fb). The value of the reaction radius, r, will vary according to the particubar
back-chamber design and operating condition,

ORBITING SCROLL STABILITY

If the theoretical value of the reaction radius should exceed the physical size of the
orbiﬁngorﬁxedscmll,whichcva‘issmﬂer,itwﬂlinfaahemﬁnedtothephysiuledgeof
the part. Since a sufficient radius to balance the moment equation is unavailable, the moment
mmmnﬁmwiﬂnolmgerbem,theorbiﬁngscmllwillmIonga'beinsmicequilibrium,md
itwiumnmovmnmﬁlitminwcomwithsomeothermechnﬁalrmim. This
acﬁm,mupbdwiﬁ&embhﬂmvennﬂof&emﬂ,mﬂuinamofwobbﬁngmoﬁmm
all the axial contact occurring along the edge of the part.

msvmbbﬁng,mhmbﬂhy,mltSMthemmughmegapqnmbymew
tips, edgeloadingofthesaollmf:m,mdanguhrmisnlimofthescmlldﬁvebwing.
Aﬂmﬂnquicklyludmlmofpuformmmdmmﬁﬂmofﬂnmw.

GAS FORCE EQUATIONS

Thcuhlandungmﬁalfom,wmmmedinpﬂkmwmgems,cmsincf
WO cOmponents. Pmofachfor:eisduivedﬁomdnprminmesu_ledp?ckﬂs,wm
is a function of scroll geometry and suction pressure only. 'l'heothel'pntnsdgwedfyomﬂn
pressure i mmmm&;mofmmmmmmm
pressure difference only. These forces can be written in the linear form:
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th=clpl+czpd (4)

Fpg=CyP,*C P, (5)

where Ps and Pd are the compressor suction and discharge pressures respectively. The constants
C1 through C4 are functions of the particular scroll geometry. These force equations arce derived
to be "gage" forces, i.e, resulting from pressures above the “"ambient” pressure Ps. The
constants C1 through C4 may be derived to represent either average or peak forces. The timing
of the peak force, whether axial or tangemtial, is dependemt on whether the compressor is
operating above or below the design pressure ratio. The peak force occurs just before the
discharge porting point for operation below the design pressure ratio and just after porting for
operation above the design pressure ratio. For this reason, the value of the four constamt
coefficients for peak loads will be different for the two zones of operation.

Back chamber pressyre is typically provided by 2 combinaton of pressure from the
dischirge and from the sealed compression pockets. In this mamner, the back chamber force may
be made up of two components which behave in a similar manner, with respect to operating
pressures, as do the internal gas forces. A common method is to provide two separate chambers
for these force components. In that case, the back chamber force may be written as

Fpe=(Cy-1) P A+ (P4=P) Ay (6)

where Co represents the time-average normalized pressure seen by 2 vent commmunicating
between an intermediate pressure back chamber and a sealed compression pocket and Ai and Ad
tespectively are the areas of the intermediate and discharge back chambers. This method is most
commonly applied in the high-side compliat orbiting scroll design and in the compliant fixed
scroll design, in both of which it is convenient to provide discharge pressure at the center of the
axially compliant scroll.

Anather method especially suited to the low side compliant orbiting scroll design is to use
a single back chamber whase vent is exposed to intermediste pressure for 2 portion of the time
and to discharge pressure for the remainder. Figure 3 illustrates how such a vent bole sees the
compression process. In this example Pd happens to be equal 1o the pressure in the scaled
pockets as they open to discharge, but may vary independently. The vent is located at an angic
v from the inmer end of the wrap. In one revolution (or orbit) the vent sess the pressure in the
scaled pocket for a period of v/2x, and it sees Pd for a period of (2a-v)/2x. The average
pressure seen in the sealed pockets is calculated by assuming a polytropic compression process
and solving an averaging imegral which will result in the form Co Ps, where, similar to the two
chamber design, Co is a function of the scroll geometry and now v. The back chamber pressure
equation can be written as:

Pw(—z‘—;d (c°—1)p,+(1—-é";) (P, ~B,) ta)

where Pix is the average back chamber pressure. Note that this equation is of the same linear
form as the back chamber force equation for the two chamber case. The back chamber force is
found by simply multiplying the pressure by the chamber area:

B PocApe (8)
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STABILITY EQUATIONS
Rearranging the force and moment summation equations above w0 solve for r gives

Fe

=)

1)

Substituting the force equations for Ftg, Fag, and Fbc gives:
LGP+ B

A5 () P 22V (2P, 1 -, P,~C, P,

I

(2)

Simplifying and grouping terms for Ps and Pd results in:

(1G] P+ 1G] Py

= 2 (3)
[Ab,,(z—‘;cfl) -C1 P+ (A, ’2‘“"-c.1 B,

Letting K1, K2, K3, and K4 represent the above bracketed terms,
respectively, and dividing the numerator and denominator both by Ps, we have:

_ K+K,0PR
T=K,+K,OPK ()

where OPR is the operating pressure ratio of the compressor. The reaction radius r is found to
be constant for a given operating pressure ratio of the compressor.

A similar desivation and simplification for the "tip" or reaction force Fr gives:
F =P, (K,+K,OPR) (5)

DESIGN PROCEDURE

Lines of constant reaction radius are superimposed on an operating envelope in Figure
4. They correspond to constant operating pressure ratio lines. The design procedure is to choase
two extreme design points in the operating envelope, for exampie the maximum and minimwm
expected operating pressure ratio points, and fix r equal to the radius of the orbiting scroll floor
portion. This results in two linear equations which are solved simultancously for the two
unkpowns of Abc and v. As a result, all other r values within the operating eavelope will be
less than the radius of the floor. This assures stability over the entire envelope. The final values
of Abc and v must be chosen within the physical limits of the scroll compressor’s layout.

In practice, use of peak lowds will result in a very conservative design with higher tip
loading than may be really required. When the compressor feachies an unstable operating
condition, based on peak load calculation, it will begin to wobble for a smatl partion of the cycle
while the peak loads exist. The resulting tip leakage causes higher pocket pressures which in
tarn feed back to the back chamber, raising its pressure as well. This positive feedback will hold
the scroll in a quasi-sable condition beyond the expected stable operating range. On the other
hand, use of average loads only will likely be insufficient to assure stability. Designers should

856



applyacorrecu‘onfactorbamdonexpaicncewiﬁtheparﬂcuhrcompmwithwhichﬂny
woark.

EXPERIMENTAL VERIFICATION

Figure 5 contains resuits of an experiment investigating the stability of a compressor with
a back chamber supported orbiting scroll over a range of operating conditions and back chamber
pressures.  Scroll motion was ‘monitored with internal proximity probes and the back chamber
pressure was manually regulated from an external pressure source. For cach condition, the
pressure was slowly reduced untl a rise in scroll wobble occurred. The reaction radius was
calculated for the hstpwsammdingbefmeinsﬂbﬂity.mdfoﬂheﬁ:stmdingaﬁcrinmbilhy.
These two radii are plotted with respect to operating pressure ratio. The marginally stable points
are found to lie close to the line representing the physical radius of the scroll floor r. The lack
of pressure feedback to the back chamber generally allowed for clear distinction betwesn stable
and unstable conditions, though in some cases, the transition- from stable to unstable operation
did oot always occur instantaneously. This hints that the scroli may still have some limited
self-stabilizing capability or simply that it is slow to respond to extremely brief excursions imo
an unstable operating zone.

CONCLUSION

The relationship derived ahove is a useful wol for designing saability into the axially
compliant back-pressure supported orbiting scroll. It may be applied with equal effectiveness
to either the single or dual chamber designs.

Whmpe.krucﬁmﬂdﬁ,calcﬂatndusingpakloads,mmmmmendiusoﬂhe
ﬂoorforlmﬁonof:moluﬁon,suﬁcequilibﬁumdoesnotexistanddleorbiﬁngmﬂm
mexpuimawobblewwhnﬁm&nqﬂcklylndmlmofpafommaﬁmmm
failure of the compressor. However, positive pressire feedback from the sealed pockets to the
hckmuechmbawiﬂuummemllmminmhncmdiﬁmmmcwmuyowm
that these first order relationships predict.
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DYNAMICS OF AN ORBITING SCROLL WI'TH AXIAL COMPLIANCE
PART 1 - SIMULATION OF ORBITER AXIAL MOTION

H.T. Shu and A.A. Peracchin
United Technologies Research Clenter
Silver Lane . M.§. 19
East Hartford, C'T 06108

ABSTRACT

A dynamic model was developed for investigating the axial motion of an orbiting scroll design which
incorporates passive axial and radial compliance mechanisms. The madel nses three degrees of freedom
to describe the orbiting scroll axial motion, It also includes contact constraints for the thrust surface, the
wrap tip and flanks, the crank case, and the hub bearing. The equations of motion were derived using
the Lagrangian formulation, The system natural frequencies were predicted, and forced response analyses
were performed. Results of the orbiting scroll dynamies analysis not only show good agreement with the
experimental data, but also highlight the importance of the constrainta,

1. INTRODUCTION

A comprehensive research program has been undertaken by the United ‘Technologies Research Center
(UTRQC) to develop improved understanding of scroll compressor performance and dynamics in support of
Carrier’s product applications, This research program consists of nol only extengive analytical modeling
but also experimental investigation of system perfermance, pressures, temperatures, vibrations, and dy-
narmic characteristics using instrumented compressors (Ref. 1). In this paper, a simulation of the orbiting
scroll axial motion 1s presented,

Several investigations of scroll compressor dynamic behavior involving orbiter motion have been ra.
ported (Refs. 2 to 4). These studies {which usually include an nrhiter, an Oldham coupling ring, an axial
and radial compliance mechanism, and a crank shaft) have heen developed using D’Alembert’s principle
to model the orbiter inertial effects. These studies assumed that the orbiter motion was constrainted to
be in a plane perpendicular to the shaft centerline and within fhat plane, o execute a circular orbiting
motion. Some have allowed for variations in shaft speed (Ref.3). The effect of damping and stiffness of
the backchamber seal mechanism on the axial motion were nat considered  These studies have served as
first generation scroll compressor design tools. However, in order to {urther improve understanding of com-
pression efficiency, component reliability and compressor noise, the development of a more eophisticated
dynamic model js required to account for additional degrees of freedom of motion and backchamber sea]
effects.

2. DYNAMIC MODFELING

The dynamic mode] developed for investigating the scroll orbiter axial motion is described in this
section. The model consists of three degrees of freedom represenied by three generalized coordinates. It
also accounts for motion conatraints that might occur due to wrap Ltip contact with the mating baseplate,
wrap flank contact with that of the fixed scrall at other than fhe ideal contact line, the thrust surface
contact, motion constrained by the mechanical limits of the compression of the backchamber seals. and
finally, contact of the orbiter hub with the drive shaft mechanism.

2.1 Equations of Motion

The schematic diagram of an orbiting scroll model is shown in Fig. 1, where F,, M, and M, represent
the axial component of the time varying load and the z and ¥ components of the time varying moments
acting on the orbiter during comperssor operations. (Further deseriptions of these three parameters will
be given in the Case-Study Section.) The orbiter is supported by two ur three backchamber seals with
radii 7, r3, and ry respectively,

Let 1) (Xy, 1y, Zy) be the inertial coordinate system with origin (), fixed at the shaft center, 2) (z,y, z)
be the moving coordinate system with origin O, fixed at the center of the baseplate bottem surface of
orbiting seroll and always parallel to the inertial coordinate system throughout the entire compressor
operation, 3) (r,, 2) be the radius of orhiting circle and shaft speed, and 4) (2, 4y, fc) be the generalized
coordinates describing the orbiter axial translation and rotations of 7 and y axes. If z,,0,, and 8, are
small, the displacement and velocity vectors of a small element of the orbiter at point P(z,y,2) can be



expressed in terms of these parameters sa follows.

tp = [=(romm Qt)0dt + z8y) i + [(rocos QO)NdL - 20;) 7+ [y -~ 3 By + 2] k
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Fig. 1 Schematic Diagram of Orbiting Seroll Dynamica Model

{2)

The system kinetic energy (T') and potential energy (V) can be approximated by the following two

equations.

1 [ - -
T = ijvu,-upd.m
1

1 1, 25,1 . - . .
= Ergﬁzm + Emz'g + 51,,0: + 51“,9;-; - Trgf-8y ¥ eeymiols — eaxmioly

~(eesmSdrocos ﬂt)!j, — (eemSdrosin ﬂt)éy

T RTACIL R

T
= Z[wk,r.zg + Ek;ri’(ﬂi +62)]
T

where M, ez, €cy, Jzzy Lyus Izy 21 the orbiter mass, center of gravily, and moruents and products o

and k,,i=1,2,3, are the backchamber seal stiffnesses per unit length.

)]

(%)

[ inertia,

The system generalized forces @, can be derived in terms of the axial load, Fz, moments, M. and My,

body force, mge, and seal damping values, 6,1 = 1,2,3, using the following virtual work concept.

W

L}

Qy bz, + Q2 56 + Qi 60,

A

[27(, cirid)(ipbup)s=o
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= (Fo-mge ~ 25 3, eiido)io + (Mz — mgeegy — 750, ,736,)60, +
(Mu + mgeecz — En c.r?ﬂy)ﬁav

By comparing the coeffieients of the virtual displacements of the three generalized coordinates, we have
Fy—mg. -2 3 e,
Q={Q}=1{ M- MGeCey ~ W‘x‘ C‘Ti'ﬂ_,. (5)
My + mgeee: ~ 73, crdd,

Finally, the equations of motion can be derived from the following Lagrange's equation.

d dL aL
a(a_q, - 5q—‘ = Q. (6)
where L = T - V and ¢ and ¢, are the generalized coordinates (20102, 8y) and their time derivatives.

By carrying out the differentiations of the Lagrange’s equation and with the help of Eqs. (3), (4) and (5)
we have three equations of motion for the orbiter axial motion, expressed in a matrix form as follows.

m —eqm em %
€y Izz _Isv e: +
eem Iz, I, 4,

2r ¥, am 0 0 %
0 T an 0 0, ¢+ ]
0 0 EDINE S 9,,

2r 3 ke, 0 0 z, F. mg,
0 Ty kr? 0 bz p =0 M:-mge, — emr, sinflt
(1] 0 w3, kird 8, My + mgceer + e mQ?r cosit

The orbiting scroll system natural frequencies and mode shapes can be computed using Eq. (7) by
dropping both the damping and external load terms. However, because the orbiter is placed in a confined
compartment, the forced response dynamics analysis must account for all possible constraints on the orbiter
axial motion due to the fixed scroll, Oldham coupling ring, slider block, and crank case. Eight possible
motion constraints are depicted in Fig. 2, and are indicated by the Ayyi=1,2,..8. It should be noted Lhat
A1 can ocenr at the wrap tip of either the orbiting or fixed seroll as shown in Fig. 2 and to be described
further in Section 2.3.

(A2 )uw

Pl —— e (arg i = 20,45

v * A

Fig. 2 Constraints of Orbiter Axial Motion
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2.2 Equations of Motion Constraints

Figure 3 shows the details of five possible constraint points at the orbiting scroll wrap tips for any given
0. and 8,, where the dotted lines represent the wrap profiles of the fixed seroll, the solid lines represent
those of the orbiting scroll, point #1 is possible axial contact puint, and points #2 to 5 are the possible
radial contact points. The geometric locations of these contact points at any given instant (or crank angle)
are analytically defined. In other words, the gap between the two scroll wraps for any given &z, 6, are
analytically determined. Neglecting the film effects due to orhiter relarive motions, the following constraint
equations can be easily derived. Fig. 3 illustrates these contact puints Nole that the scroll is oriented so
that the rotation of the orbiter is along the line A-A.

()ep €08(01 = 8u) = (21)up = 20 2 (Azi)up  Jor A\
(r2)ep — (P2)ep 2in(@2 — Bw) S (BT2)up  for Az
(73)eup — (Pa)up Sin(03 = Bu) < (OTadrp  for o (8)
(p1)ep 1n(pa + 8w) — (radup S (BTa)uy  for Aa

(ps)ep sin(ips + 0u) — (Ts)up < (Ars)up  for s

(rdup = /(22 + 3])ew

(0Jup = flF + 3 F iy [+ TE L ®)

where

= sin” () up/ (o dup)

8, = sin~(—cos ¢ sin 8,4 sin g s 8.) . (10)

b tan='(—0;/6y) (11)

and (Az )up represents the axial clearance between the tip of the orbiting scroll and the root of the fixed
aeroll at point #1, and (Ar2)up,— (ATs)up 21€ the radial gaps (or clearances) between points 2 and 2',...,
5 and 5’ respectively.

!

\l
- -

i
o,
dy —-

Ve

Fig. 3 Configuration of Constraint Models
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By refering to Fig. 2, the constraint equations for the thrust surface, hub bearing, and crank case can
also be derived as follows.

prs 3Pty =~ Ou) = 2op — 20 £ Dizes __fur Ae
2o+ T sin by < Az for Ar (12)

Tor = Pbr 31 (g — Buw) < Ay, for s

P = \J7ly + 1 Pts = 9inT (T pra)

s (ry/ pur)

where

(13)

P = 2y + Th O

It should be noted that the eight constraint equations shown in Eqs. (8) and (12) are nonlinear
conditional holonomic constraints, and they must be checked al every inlegration step to see il Lhey are
violated. Once one or more constraints are violated, the motion of the orbiter is defined in part by
the constraint condition, in which case the equal sign in the appropriate constraint equation defines the
relationship that must geomelrically exist during the time that the constraint condition is in place. During
those time intervals, the constraint equations must be solved with the equations of motion, as described
below. It is also important to note that 8, 8y, and 8, are always small (i.e. less than 0.1 degrees, or 0.002
radiang), and Eq. (L1) can be approximated by the following relation.

8, ~ (sin ¢.) 0 — (cos &) 9, (14)

After some mathematical manipulations, the eight constraint equalions can be simplified to the following
form.

=1 (m1)up 90 B —(T1)up €O e (B21)up

0 (22)up 9 b —(22)0p cos ¢ (Bra)up

0 (’G)hv nn b _(zﬂ)hp cos ¢ z (AT'!)up

0 (zl)hp sine ¢ _(34)tlp cos ¢, go < (Arﬂ )lll or

0 (25)tp 9im P —(25)up cO2 Pe 0= (Ars)up [ (15)
-1 Tes SiN P — Ty €O P L Az,

1 Tec SiTL e —Tep €O b Azye

0 2 N P - 2py £OS P ATy,

Qege < Aby, j=1,..,8 k=123

2.3 Clearances of Motijon Constraints

The instantaneous clearances of the orbiter motion constraints for the right-hand side of Eqs. (15)
must be specified. The instantaneous wrap tip clearances, (Ar2)up, .., (O75)up can be computed from the
geometric locations of the scroll profiles. The hub bearing clearance, Ary,, can be obtained from the design
geometry. However, because the heights of the scroll wraps are usually contoured to accommodate the
expected thermal expansions, the three axial clearances, (Az) )Jup, A2y, and Az, are related to the wrap
heights of the fixed and orbiting scrolls at the contact points and the static axial clearance between the
fixed scroll and the crank case, Az,. as shown in Fig. 2. ([ finite element sttuctural analysis results are
available, the wrap deflection data can also be incorporated into Lhis analysis. Assuming the heights of
the fixed and orbiting scroll wraps at the axial contact point are zp; and za1, the height of the fixed scroll
wrap at the thrust surface is hy,p,, then we have the following relationships.

(Azri)p = hup M AX (201 )eipr (211)tep)
If hpnp 2 25y and hup > Zo1, then Azy = 0
Azyg = Zae - Az, - Zhp
(Az1)p = 0
[f Zoy > 2 and 7o, > hhm then Az, = (Zul)hp - hhp (16)

D2y = Zae = Dy ~ Zgp
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(Aziloy = 0
If Zfy 2 % and Zf1 > h'hp; then Az, = (zfl)hp hhp
Bz = 290 — Azyy - Ztm

Equation (16) defines which of the axial clearance constraints are activated. It should be noted that
the wrap tip and thrust surface constraints can be activated simultanecusly or one at a time.

2.4 Equations of Motion with Constraints

It is obvious that if any conditional holonomic constraints are vinlaled, there will be reaction forces
exerted on the orbiter at the contacl points as shown in Fig. 2. These conlact {orces can be represented
by Lagrange multiplier \,. The equations of motion with two constraints, as an example, are given below.

[ m —egm e.m 0 0 b 2r 3, e i} 0 [t )] EA
—egm Iz Iy 0 0 8, 0 7%, cr? 0 00 0,
exm Iy Iy 00 6, ¢+ 0 0 3?00 4, 1+

0 0 0 00 1] 0 ] 0 00 0
| o 0 0 00 0 0 0 0 00 0
( 2y, kb 0 0 ~ay -an z, F, —mg.
0 3 kol 0 -0 —ay (A M.  mgeeqy — e, mS¥3r,2inflt
0 0 T kel —aa —dj 0, =4 M, +mg.e. + ecomfPrcosflt
24 az 2,3 0 0 A Ab,

L ay ajz @3 0 0 A; Ab;

(17)

where a,1, a.2, .3, a1, 852, 4,3, Ob,, and Ab; are the coefficients and constan! clearances of the violated ith
and j** constraint equations.

3. METHOD OF SOLUTION

Because the coefficients of the equations of matinn contain material and inertia properties of the orbiting
scroll and backchamber seals, the numerical values of the matrix elements vary greatly in magnitude. To
avoid any truncation errors in the numerical integration, all dependent and independent variables are
normalized to have numerical values in the order of one. The referenced parameters chosen for this
normalization process are

z, = A3, b = Atz/ﬂ,p, In=m T'Ep,
(18)
Cn = m/(7 Top AL), ky = mf(7 rep AL?)

where At is the integration time step and ry, is the radius of the baseplate. The normalized dependent
and independent parameters for the equations of motion and constraints are listed below.

%o = 2o/ 2n, 6, = 0z /0n, g_y =04/,

fo= i[Ot zn,  0n=0:/(At8), 8, =6,/(AL6,),

fo = 5./(O8 2,), 8. =8./(08 6,), 8, =08,/(AF 6,),

fo = "'v/rbp: &i=¢/en, E‘ = ky/ky,
(19)
izz = Leg/In, fyy = Iw/fm izu = Izv/lm
€z = !:z/rbpy Eey = ﬂcu/'bp: &er = eez/"'hn Fo = rv/"bpr
i=t/At, Tea = Tea/Thps For = Tor [ Ttps & = g!/rh”
Fo = 70/ Topy AZ = 0% 2, A7, = Ar,/zn, F. = F./m
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The normalized equations of motion become

1 -, & £, 2Y &R, 0 0 %
&y L. -IL, 6 3+ 0 T.afr o 0 3+
e ~Ly I, ||, 0 0 xand ]|
(20)
25 k7, 0 0 z, i P -,
0 Yok 0 g, 3 = My~ g &y - E.0%F0in (1t
0 0 Y &P é, My + 4o 8oz | 2. 00%F cos Q1
and the normalized constraint equations are
-1 (7-'1 )hp sin P, —(i"l )hp €08 g (Az_l)hp
0 (Z2)up sin ¢, ~(Z2)ugp cos ¢, (AR
0 (Z)up $11 e (21)up o0 ¢, i, (AF3)up
0 (Ed)hp sin g _(E‘i)hp cos @, 50 < (A’:d)hp (21)
0 (Zs5)ep sin &, —(Z)up cos ¢, 9} ) (Afs)uy
-1 Ty S0 G, ~Tey cOS @, ¥ Az,
1 Fec Ain ¢ —Fee cos ¢, Az,
0 Zor SR B —Zbr cO8 @, Afy,

4. CASE STUDY

The present study is based on design data for an experimental scroll tompressor tested in the UTRC
compressor laboratory described in @ companion paper (Ref. 1).

4.1 Results of Undamged Free Vibration Analysis

The undamped free vibration analysis wag Performed to identify the system natural frequencies, and the
first three harmonic values are 265.68 Hz, 201.04 Hz, and 192.02 Hz respectively, These results indicated
that this compressor would not have any resonant problem during steady-state 60 Hz operation,

4.2 Results of Forced Res onse Analysis
————— ~TFEC Tesponse Analysis

As shown in Eq. (7). the equations of motions require three inpyt forcing functions, Fo(t), Mc(t) and
M,(t). These data were provided by a UTR( quasi-static simulation code. This simulation code ig actually
the first generation of the UTRC scroll compressor design code, which has been extensively used by Clarrier

1. The orbiter undergoes a circular orbiting motion around the fixed scroll only in the (X, ¥)-plane.

2. The gas pressures surrounding the orbiter are analytically determined at any crank angle for a given
steady-state operating condition,

3. The body force and all external loads (including contact forces belween the scroll flanks, between
the orbiter baseplate and Oldham coupling ring, between the hub bearing and slider block) are in
equilibrium with the linear inertia forces in the axial, radial and tangential directions.

4. Summations of alt moments in the axial, radial and tangential directions for each hardware component
are zero.

5. The inertia effects are considered in every time step, but not carried over to the Tollowing step (i.e.
quasi-static assumption).



With these assumptions, both the axial component of the reaction force from fixed scroll and the force
center required for preventing the orbiter from undergoing axial motion were computed. These data were
converted into F.(t), Mx(t) and M,(t) for the present study. However, in order to accept the experimental
presstre data from any steady-state or transient operations, purtions of the original simulation code were
modified and integrated with the present model for use in predicting the {ransient dynamics for any given
orbiting scroll design.

A set of the computed and measured pressures for the entire conmpression process for the same steady-
state condition is shown in Fig. 4. Good agreement between the two are indicaled. The pressures for all
compression pockets and backchamber at any given crank angle, for one revalution, can be easily derived
{rom these data, and results are shown in 5. These data are used for compnting the three forcing functions
and the results are shown in Fig. 6.

The effects of thermal and pressure loads on the axial growlh of urbiting and fized scroll wraps for
various compressor operating conditions are under continuing stndy. Preliminary results of 2 finite element
structural analysis indicated that the maximum axial growth always occurred at the inner tip of the scroll
wrap and the predicted numerical value was approximately 0.0014 in for the test condition (Ref. 5).
Based on this preliminary result and the design contours of the twa seroll wrap heights, the axial contact
constraint point {i.e. corresponding to A in Fig. 2) would accur near the inner tip of the scroll wrap
and cause the orbiter to undergo small wobbles. The predicted orbiting scroll wobble characteristics baszed
on this wrap tip constraint for two high pressure, high load, steady-slate aperating conditions are shown
in Fig. Ta, and those obtained from the experimental study are shown in Fig. 7b. Good agreement
between the two is indicated. Both the analytical and experimental resulls have indicated that the orbiter
wobble motions are quite small, and the experimental results showed no impact on the operation of this
experimental compressor.

5. CONCLUSIONS

Results of this study indicated that the wrap height contours of both the nrhiting and fixed scrolls, which
vary with compressor operating conditions, play an important role in the study of orbiter dynamics. The
importance of constraints in the dynamic analysis of a given arbiter design is shown The model presented
is capable of predicting the orbiter dynamics of axial motion for steady-stale or start-up operation if the
wrap heights of both the fixed and orbiting scrolls, the thrust surace, beaning and seal clearences, and the
pressure data surrounding the orbiting scroll are prescribed.
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ABSTRACT

In scroll compressors equipped with axial compliance mechanisms, the
orbiting scroll may be exhibit axial motion, particularly during transient
conditions at startup and shutdown. An  experimental effort vas undertaken to
measure the instantaneous pressures acting om, and the rigid body motion of, an
axially compliant orbiting scroll. For a rigid body, the <%,¥,z* coordinates
of any three points are sufficient to describe rigid body motion. Accordingly,
three proximity probes located approximately 120 degrees apart, vere installed
beneath the orbiting scroll to measure the axial position of three points on
the underside of the orbiting scroll baseplate. The remaining x and y
coordinates wvere available from geometry and instantanecus crank angle
measurement. High response axial compliance pressure, high response
compression chamber pressures, and proximity probe data vere acquired for
various operating conditions at steady state, startup and shutdown. Results
indicated that the duration of orbiting scroll "wobble" at transient startup
conditions was a function of compliant chamber volume, port diameter and seal
configuration. A computer model was written to optimize the compliance chamber
to essentially eliminate the duration of orbiting scroll wvobble during
compréssor startup. During compressor shutdown, the orbiting scroll remajined
stable.

NOMENCLATURE

O

Constant volume specific heat of refrigerant, btu/lbm-R.
Diameter of compliance chamber supply line, in.
Roughness of compliance chamber supply line, in.
Enthalpy of gas entering compliance chamber, btu/lbm.
Length of compliance chamber supply line, in.
Instantaneous mass in compliance chamber, lbm.
Instantaneous flow rate inte compliance chamber, lbm/s.
Instantaneous pressure in compliance chamber, psia.
Instantaneous pressure in compression thamber, psia.
Instantaneous temperature in compliance chamber, R.
Instantaneous temperature in compression chamber, R.
Time, =. 3

Compliance chamber volume, in~.

Velocity of gas entering compliance chamber, ft/s.

Axial displacement of orbiting scroll baseplate, in.
Total axial clearance between sernll elements, in.
Instantaneous density of gas in compliance chamber, 1b/in

o
<

W NN
parpary iy =

WE-2 P Tm
el [2] wn
-

o
n

onNN < < 33

q+
INTRODUCTION

In order to obtain high efficiency in a secroll compressor, some means
of minimizing tip leakage is necessary. One method of minimizing tip leakage
is to incorporate seals into the tips of the scroll flanks [1]. A second
approach is to pressurize a cavity located beneath an axially compliant
orbiting scroll. This approach generates an upward force on the orbiting
scroll greater than the downward force generated by gas compression [2]. A
third approach entails pressurizing a cavity above an axially compliant fixed
scroll creating a downward force on the fixed scroll which ig in excess of the
upvard pressure forces created by gas compression [3].
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For a scroll compressor equipped vith a compliance chamber beneath an
axially compliant orbiting scroll, the primary design criterion is to provide
enough upvard force beneath the orbiting seroll to not only overcome the
downward compression force, but to counteract the orbiting gsecroll overturning
moment as well. An optimum design would accomplish these functions with a
minimum of excess upward force so as to minimize friction between the =ecroll
elements. Upvard force is generated by bleeding high pressure compression
and/or discharge gas through the orbiting scroll baseplate into the compliance
chamber.[4,5] If insufficient Force is generated by the compliant chamber,
even for a portion of the cycle, the orbiting secroll can become unstable,
resulting in axial vibrations, or "wobble".

L]

Much vork has been done to ensure stabllity of the orbiting scroll during
steady state operation. In typical compressor applications, hovever, a scroll
compressor will spend much of its lifetime cyeling on and off. To ensure
maximum reliability, it is therefore prudent to design an axial compliance
device which is not only stable at steady state conditions, but results in
minimal instability during transient compressor startup and shutdown
conditions. Accordingly, an analytical dynamic model of the orbiting screll,
applicable to steady state and transient conditions, is under development for
use as a design optimization tool for axial compliance mechanisms [6]. In
order to validate this model, and to gain valuable ingight into the behavior of
a seroll compressor during the first several geconds immediately after startup
and shutdown, a laboratory prototype compressor was extensively instrumented
and tested during transient and steady state operation.

EXPERTHENTAL FROCEDURE

Instrumentation

To perform the experiments described in this paper, the laboratory test
compressor was instrumented with 4 high response proximity probes and 7 high
response pressure transducers. For a 3-D rigid body, the coordinates of any
three points are sufficient to describe rigid body motion. Accordingly, three
proximity probes, located approximately 120 degrees apart, were installed
beneath the orbiting scroll teo measure the axial displacement of the orbiting
gcroll baseplate. A fourth proximity probe vas installed to generate a gignal
vhich featured a sharp pulse at a known ctank angle for use as a erank angle
reference and speed pickup. Figure 1 shows the installation locations of the
proximity probes.

One high response pressure transducer vas located in the axial compliance
chamber beneath the orbiting scroll (Fig. 1) to measure instantaneous pressute
vithin the chamber. The remaining six high response pressure trangducers vere
located in the fixed seroll to measure instantaneous suction, compression,

and discharge port pressures. These pressure transducers vere used to track
the pressure of a fluid element as it traveled from guetion to discharge during
steady state or transient compressor operation [7). Figure 2 shovs the

installation locations of the pressure transducers.

Data System

The data were acquired, stored, reduced, displayed, and plotted using a
state-of-the-art data system at United Technologies Research Center (UTRC).
This completely software driven data system features a real-time data
acquimition computer and X-vindov terminals at 5 separate calorimeter and
desuperheater test stands. The system is configured with multiple thermocouple
chaonels, steady state channels, and high speed channels, and is shovn
schematically in Figure 3.
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Test Procedure

The laboratory test compressor was integrated into a desuperheater test
stand equipped with suction and discharge pressure transducers and
thermocouples which enabled accurate determination of operating condition [8].
Figure 4 shows the compressor in test configuration. Prior to gathering the
transient data, the compressor vas operated to establish the proper valve
settings to achieve the desired steady state operating condition. The
compressor pover was then turned off. As pover vas restored, instantaneous
suction pressure, discharge pressure, compression pocket pressures, compliance
<hamber pressure, orbiting scroll baseplate proximity probe data, and crank
angle reference data vere acquired for the initial 2 seconds during the
transient compressor startup.

The compressor was then allowed to run for approximately 2 hours
until it vas determined that temperatures measured in the motor, bearings,
shell, and oil sump had reached steady state. Once the compressor
temperatures reached steady state,. the input power to the compressor was
terminated vwhile the above pressure data and proximity data were acquired
during the transient compressor shutdown.

TEST RESULTS

Proximity Probe Electronic Runout

From previous experience vith high respense proximity probes, it was
understood that the raw output signal from each proximity probe would contain
not only information related to axial displacement of the orbiting scroll
baseplate, but electronic runout as well. Electronic runout is an error gignal
introduced by nonuniform electrical and mechanical properties of the area of
the orbiting scroll baseplate observed by each probe. In order to accurately
measure the electronic runout of each proximity probe, the drive train and
orbiting scroll wvere assembled into the center portion of the semi-hermetic
test shell as shown in Figure 5.

A computer program vas written to acquire the proximity probe data at 10
degree intervals of crank angle vhile the shaft wvas rotated. The computer
program fit a cubic spline through the runout data $0 that it could be
digitally subtracted from the rav proximity probe signals acquired throughout
the subsequent tests described belov. It was possible to perform the digital
signal processing on a real-time basis using the laboratory data system. Figure
6 shovws one cycle of raw proximity probe data generated during operation of the
laboratory compressor plotted with the electronic runout for probe 1. This
figure clearly shows that a substantial portion of the raw signal can, indeed,
be attributed purely to electromic runout rather than actual axial displacement
of the orbiting scroll.

Compressor Startup

Figure 7 shows the suction, compression, and discharge pressures in the
seroll compressor for approximately the first 60 shaft revolutions. These
results showved that the laboratory seroll compressor approached full speed
after only 3 to 4 shaft revolutions. The radial compliance mechanism engages
quickly, resulting in compression pocket pressures vhich quickly approached
their steady state values. As a consequence, the axial pressure force and
overturning moment exerted on the orbiting scroll also quickly approached their
steady state value. This required an axial compliance device vhich energized
quickly to ensure negligible orbiting seroll wobble at startup. In order to
optimize the axial compliance pressure  chamber for transient startup
conditions, a computer model similar to the steady state model described in
Ref. [4] was developed for transiemt conditions.

The transient model used the transient pressures (Fig. 7) as input and
agsumed Fanno Flow (constant area, adiabatic, vith friction) in the compliance
chamber supply line. The conservation of mass, conservation of energy, and
the refrigerant gas equation of state vere used to calculate transient pressure
in the compliance chamber according to the following equations:
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Py = my / Vbc 3)
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Ti = Ti-l(l - At msllmi) * (hsl,i & Vi/z) (4)
m, Cv._1
P, = B(T; 4 py)s (5)

This finite-difference analysis indicated that the transient compliance
chamber pressure rise time is a function of chamber volume, supply port
diameter, supply line length, and supply port location. Figure 8 is a plot
of predicted and measured compliance chamber pressure for two different supply
port diameters and chamber volumes. This figure shows the trade-off betveen
transient rise time and sgeady state pressure pulsation. It is apparent that
the larger values of 4/V7/  (corresponding to larger line size and/or smaller
compliance chamber volume) result in faster initial pressure rise and larger
steady state pressure pulsations.

Figure 9 shovs plots of the three proximity probe signals during transient
startup conditions for the twvo different geometries. The normalized axial
displacement 2/z_ shown in these figures iz the displacement of the orbiting
scroll baseplate from the bottom of the fixed seroll surface divided by the
total axial clearance betveen the fixed and orbiting serolls. This figure
indicates that the duration of orbiting scroll instability can be minimized by
minimizing the compliance chamber pressure rige time.

Compressor Shutdown

in order to exaggerate the duration of reverse rotation encountered during
compressor shutdovn, the internal check valve vas removed and replaced with a
check valve in the discharge line external to the compressor. Figure 10 is a
plot of compression chamber pressures during compressor shutdown for the
laboratory scroll compressor in this configuration. This figure shows that when
the input power was terminated, the high pressure on the discharge zide of the
compressor relieved through the seroll elements, causing the compressor to run
in reverse. At thils condition, flov reversal occurred at about 0.4 seconds
causing the laboratory seroll compressor to run in reverse for about 30 shafrt
revolutions.

puring this reverse rotation, the orbiting scroll exhibited little axial
instability. This was because the compliance chamber remained sufficiently
pressurized to generate upvard axial forces great enough to overcome the
decreasing dovnvard axial force and overturning moment. Figure 11 shovs the
compliance chamber pressure and the proximity probe data during reverse
rotation (vt > 0.4 seconds).

Since the orbiting scroll exhibits 1little axial instability during
reverse rotation, compressor shutdown does not appear to adversely affect
compressor reliability. Reverse rotation does, however, result in an
undesirable noise vhose duration is directly related to the volume of the high
pressure gas on the discharge gide. Thus, one vay to minimize the duration of
reverse rotation is to place the check valve as close as possible to the
discharge port of the scroll elements. Accordingly, the internal check valve
vas re-ingtalled into the laboratory compressor directly downstream from the
fixed scroll discharge port. Figure 12 is a plot of compression chamber
pressures during shutdown with the internal check valve in place. This figure
shows that in this configuration the laboratory scroll compressor exhibited
zero reverse rotations and consequently no orbiting scroll vobble.
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CONCLUSIONS

Proper design of the axial compliance mechanism can effectively minimize
or even eliminate axial movement of the orhiting scroll during transient
startup. Such an axial compliance mechanism vill also prevent orbiting secroll
axial motien during the reverse rotation encountered during compressor shutdown
in scroll compressors installed with external discharge line check valves.
In scroll compressors equipped with an interpal check valve, little or no
reverse rotation occurs at shutdowvn, resulting in no orbiting scroll axjal
motion.

Transient pressures acting on the orbiting seroll and resulting orbiting
seroll axial motion can  be accurately determined using appropriate
instrumentation together with a State-of-the-art data System.  The orbiting
scroll axial vibration characteristics derived in this manner have provided a
fundamental understanding of the orbiting seroll dymamjcs during steady state

and transient operation. fThese experimental results vill be used for
validating the analytical model described in reference [6]. The experimental
techniques described herein, together with continued development of the

dynamic model provide a valuable tool for the scroll compressor designer.
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ABSTRACT

The load carrying capacities of the main and sub bearings were obtained by
mathematical analysis when a main shaft supported by two journal bearings is
flexed by the action of plural loads. This analytical method was applied to a typical
scroll compressor, and the basic performance of the bearings was calcylated at
selected frequencies. The misalignment tolerance and optimum bearing clearance
ratio of the main and sub bearings were quantitatively evaluated, and meaningfyl
guidelines for bearing design were obtained,

INTRODUCTION

High efficiency, low operating noise and low vibration characteristics have
made the scroll compressor(), together with the screw compressor, leading
candidates to succeed today's reciprocating and rolling piston type compressors for
many applications. A scroll compressor is typically constrycted with a bearing
supporting an orbiting scroll outside the two bearings supporting the main shaft.
Because the load on the main shaft acts outside of the two support bearings, the load
tends to bend the main shafi. In addition, the presence of assembly error in the
position of these two bearings (i.e., the main and sub bearings) causes the main shaft
to rotate in a twisted manner through the two bearings, so that the main bearing has
to operate under extreme conditions.

The use of a roller bearing as the main bearing has been proposed as a meang
of reducing this twisting of the main shaft, with a ball bearing or needle bearing
used for the sub bearing. As a result, there are few examples of journal bearings
being used for both the main and sub bearings, and few reports in the literature
regarding journal bearings other than one on experimental studies of the edge load®
and another on ways of reducing the bearing reaction force through optimization of
a counterweight.(3) There are virtually no reports about calculating the effect of
bearing performance on overall scroll compressor performance with specific
consideration given to the bending of a main shaft supported by journal bearings.

The authors report in this paper on the development of a program to obtain the
overall load carrying capacity of the main and sub bearings when a main shafy



supported by two journal bearings flexes due to the load generated when refrigerant
gas is compressed, and the action of the centrifugal force generated by the
counterweights. This program was applied to a typical scroll compressor to
compute the basic performance at selected frequencies, as well as the effect of
misalignment of the main and sub bearing axes on bearing performance. Results
showed that quantitative evaluation of the optimum bearing clearance ratio and
main-sub bearing misalignment tolerance is possible.

ANALYSIS
The construction of the scroll compressor used for this analysis is shown in
Fig. 1. The main shaft is supported by the main and sub bearings sandwiching the
rotor, with the main bearing above and the sub bearing below. The loads acting on
the main shaft include the load acting from the orbiting scroll (or "gas load"), a first
centrifugal load 1 produced by the top counterweight 1, and a second centrifugal
load 2 produced by the bottom counterweight 2.
Application of the gas load outside of these two bearings results in a relatively
high bending moment acting to deform the main shaft. In addition, because of
misalignment of the main and sub bearings resulting from assembly error, the main

shaft is positioned at an angle to the axis il

of the main bearing. Therefore, at a low . FIXED
range Sommerfeld number, the oil film OS%BR%EE____ " SCROLL
reaction force inside the main bearing MAIN :

does not provide the reaction force BEARING™ =
required in the main bearing, and the N &%‘.’&I%?
main shaft contacts the upper side of the STATOR L

main bearing. It was assumed in this MR —

analysis that the insufficient oil film = ROTOR
reaction force is compensated for by the  GR&ITFE

edge reaction force in this case, and the — SUB
combined reaction force—the vector sum SUBFM“LEE____AﬁJ BEARING
of the oil film and edge reaction Fig.1 Construction of the scroll
forces—is the reaction force occurring in compressor

the bearing (see Fig. 2). It is therefore
possible to quantitatively evaluate the
contact force when metallic contact

OCcurs.
The following four assumptions
were also made: EDGE REACTION| | 1 pim REACTION FORCE
(1)  Deformation of the main shaft is COMBINED RECTION FORGE
an amount for which the beam  Fig.2 Definition of the combined
deflection theory can be applied. reaction force



(2)  Reynolds' equation of incompressible Newtonian fluids can be applied to the
bearing oil film.

(3)  The loads acting on the main shaft are synchronous to the rotation and are of
constant magnitude. : :

(4)  Deformation of the bearings can be ignored.

From assumption (3) above, the rotating load is substituted for the static load in this

analysis, and an equivalence model in which the direction of shaft rotation is

reversed was used.

The first step in this analysis was to compute the deformation of the shaft by
applying the finite element method using the one dirnensional beam element. The
eccentricity ratio of the deformed shaft in both the main and sub bearings was
hypothesized, the oil film state was obtained in each bearing, and Reynolds’

equation
1 h ), 2 (B®)_ Uk
M ox r a8

h: oil film thickness p: hydrodynamic pressure
W oil viscosity U: shaft surface velocity

was applied. Reynolds' equation was then discretized using the finite element
method, and the pressure distribution was obtained using the band matrix method.
The base pressure (ambient pressure) at both sides of the beanngs was defined as
the boundary condition of the pressure, and was substituted for any pressure below
this level. Because the bearing reaction force obtained from the first calculated
pressure distribution does not balance in either magnitude or direction with the
external forces acting on the shaft, this calculation is repeated until the magnitude
and direction of the three extemnal forces acting on the shaft and the two bearing
reaction forces are balanced, by performing a convergence calculation using a
Jacobi matrix.

BASIC CHARACTERISTICS OF THE MAIN AND SUB BEARINGS
Application of the analytical method described above to the scroll coImnpressor
shown in Fig. 1 is described below. Note that the diameter and bearing width of the
main bearing of this compressor is 20 mm, the diameter and bearing width of the
sub bearing is 16 mm, and the bearing span is 134 mm.

(1) Basi ; ¢ selected f .

The basic performance of the main and sub bearings at selected frequencies
from 15 ~ 120 Hz is shown in Fig. 3. The relationship between the positions of the
loads acting on the main shaft is shown in Fig. 4. While the gas load is constant at

745 N, the two centrifugal loads increase with the frequency, and the combined



reaction forces of the main bearing and the oil
film reaction force of the sub bearing increase
in a corresponding manner.

It can be seen from this figure that the
oil film reaction force of the main bearing is
insufficient at less than 75 Hz, resulting in an
edge reaction force, and that the percentage of
the combined reaction force accounted for by
the edge reaction force increases as the
frequency decreases. In other words, the edge
reaction force accounts for more than 80% of
the combined reaction force at 15 Hz, and the
oil film reaction force accounts for less than
20% of the total—an extreme operating
condition. Furthermore, when the reaction
forces of the main and sub bearings are
compared it is found that the contribution of
the sub bearing is less than that of the main
bearing, and that this tendency is even more
pronounced at lower frequencies. Thus, when
the loads act outside the bearing span, the
.operating conditions of the bearing

i i GENERATED HESSING
(main bearing) nearest the load become  LoAo GENERATED av comPrE

even more extreme.

(2) Affect of misalignment. N
Bearing performance was z

computed for those cases in which there
is an offset (or "discrepancy”) between

COMEINED REAGTION
FORCE \ :

REACTION FORCE N

oy M

0 & «0 120
FREQUENCY Hz
(a) MAIN BEARING

REACTION FORCE N

QIL FILM
REACTION FORCE

o 6 W 10
FREQUENCY Hz
(b} SUB BEARING

Fig. 3 Basic performance of the
main and sub bearings

SUB BEARING

Fig.4 Relationship between the

positions of the loads acting

the center axes of the main and sub on the main shaft

bearings, and in which the axis of the

sub bearing is at an angle (or

"inclination™) to the axis of the main [ =

bearing. The definitions for this — —1 | DISCREPANCY
MAIN BEARING SUB BEARING

discrepancy and inclination are shown

in Fig 5. e ~

The  calculated  bearing

o~ INCLINATION
Stg o

—
performance for a 30 pm discrepancy at  MAIN BEARING Bs,.,,we

15 Hz is shown in Fig. 6. When the

relative angle between the direction of Fig, 5 Definitions for the discrepancy

sub bearing discrepancy and the
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direction of the gas load changes, the eccentricity ratio of the main and sub bearings
fluctuates. While there always exists the edge reaction force in the main bearing,
the magnitude of the oil film reaction force is greatest (270 N) when the direction of
discrepancy is 270°, and is least (84.1 N) at 90°. ' This is because the discrepancy
acts 1o alleviate the inclination of the shaft inside the main bearing in the former
case, but has the reverse effect in the latter case. On the other hand, while there is a
slight fluctuation in the eccentricity ratio of the sub bearing compared with when
there is no discrepancy (0.68 and 0.73 on the upper and lower ends, respectively), it
is In a constant state of hydrodynamic lubrication.
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Fig. 6 Calculated bearing performance(1) (30pm discrepancy, 15Hz)

The calculated bearing performance for 2 4 x 10 rad inclination at 15 Hz is
shown in Fig, 7. There is virtually no change in main bearing performance even
though the relative angle between the direction of the discrepancy and the direction
of the gas load changes. In other words, the discrepancy of the sub bearing has
virtually no effect on the main bearing. On the other hand, the eccentricity ratio of
the sub bearing varies greatly with the direction of inclination, and becomes rather
severe at the lower end at 45° and at the upper end at 225°,
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b= bt
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x z
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w - w
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DIRECTION OF DISCREPANCY * DIRECTION OF DISCREPANCY *
(a) MAIN BEARING (b) SUB BEARING

Fig.7 Calculated bearing performance(2) (4x10~rad inclination, 15Hz)

The calculated bearing performance for a 30 pm discrepancy at 120 Hz is
shown in Fig. 8, Because the centrifugal load 1 is 1000 N at 120 Hz, greater than
the gas load of 745 N, the operating conditions of the main bearing become extreme
at the lower end (the rotor end). As a result, the shaft strongly contacts the lower
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side of the main bearing when the direction of discrepancy is between 90° and 225°.
These conditions are tnost severe at 90°, at which the eccentricity ratio of the upper
end is 0.99. Unlike at 15 Hz, however, the eccentricity ratio of the lower end is
normally high in the sub bearing, and a constant hydrodynamic lubrication state is
maintained because there is excess load carrying capacity at high speeds.
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Fig. 8 Calculated bearing performance(l) (30um discrepancy, 120Hz)

The calculated bearing performance for a 4 x 104 rad inclination at 120 Hz is
similarly shown in Fig. 9. As at 15 Hz, there is virtually no change in main bearing
performance even though there is a change in the direction of discrepancy. On the
other hand, the eccentricity ratio of the lower end of the sub bearing is high, as
described above. When the direction of discrepancy is 0° and 315°, the eccentricity
ratio is 0.95, which means that metallic contact almost occurs. '
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Fig.9 Calculated bearing performance(2) (4x104rad inclination, 120Hz)

DESIGN GUIDELINES FOR MAIN AND SUB BEARINGS
It is necessary to clarify the following three items in the design of main and

sub bearings for a scroll compressor. -
(1) Determination of the limits and evaluation of the abselute values of the

contact force caused by edge load on the main bearing _
(2)  Determination of the tolerances for misalignment of the main and sub

bearings
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(3)  Determination of the optimum bearing clearance ratio
We therefore prepared several graphs based on the basic characteristics described in
the previous section to study the above items.

The edge load on the main bearing will increase wear of the main shaft, In
general, the amount of wear W can be defined by the equations
W=w-F-1=w.F.V.T

where:
w: specific wear amount (m3/Nm) V: sliding velocity (m/s)
F: load (N) T: total sliding time (s)

L:  total sliding distance (m)

If the specific wear amount w is assumed to be constant, the parameter by
which the amount of wear W in a given time T can be compared is the product of
the load F and the sliding velocity V (F.V). If the edge reaction force and
circumferential velocity are used as F and V. respectively, the product F-V can be
used to evaluate the performance of the main bearing under an edge reaction force.,
Note that if there is any discrepancy, the magnitude of the edge reaction force will
vary according to the angle of the discrepancy, but the complications of this added
parameter are avoided here by using the maximum edge reaction force Frax as an
index for evaluation of the product Frax-V.

The Frx-V values for the main bearing when the clearance ratio and oil
viscosity were changed to 1/1000, 1.5/1000 and 2/1000, and 10 3, 6, 9 and 12 x 10-3
Pa:s, respectively, to simulate conceivable standard loads are shown in Fig. 10. The
parameter used here is the amount of discrepancy, and as this value increases the
Frax'V value also naturally increases.

The Fiy 54V value also decreases as the clearance ratio decreases. This is
because the load carrying capacity of the oil film is increased by reducing the
clearance ratio when the shaft is inclined to the axis of the main bearing. In
addition, the load carrying capacity of the oil film increases when the viscosity is
increased and the Fpp,,-V value decreases. In either case, the maximum Frax'V
value decreases and the frequency at which the Frax-V value becomes 0 decreases.
In other words, we can see from the figure that both the peak height and width
decrease.

To use this Fy,, -V value figure to evaluate main shaft wear and define the
tolerance for discrepancy, it is necessary to plot the data from wear tests over the
graph. Specifically, by measuring main shaft wear under a varying clearance ratio,
viscosity, discrepancy, frequency, and other conditions to determine the suitability
of these conditions, and plotting plutal good and bad points on the Frax'V value
graph, it is possible to obtain the Frnax-V values of the tolerance limits, Thereafter,
the designer simply needs to select the oil viscosity and discrepancy tolerances so



that the Fpp,-V value is within these tolerances for the intended operating

conditions.
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Fig. 10 EpgyxV values for the main bearing

2 Tol limits for inclinafi

The limiting factors for sub bearing
inclination are shown in Fig. 11. One of these is
the occurrence of metallic contact in the sub
bearing at 15 Hz. Because metallic contact also
occurs in the main bearing at this time, there is
the possibility that the main shaft will stop
wming. Another factor is the occurrence of
metallic contact in the sub bearing at 120 Hz. If
the ‘stiffness of the subframe supporting the sub
bearing is high, elastic deformation of the
subframe cannot be expected to avoid metallic

METALlC:TCBON‘I’M.;.;I'A QCCURS
AND SUB BEARINGS (15H2)
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Fig. 11 Limiting factors for

sub bearing inclination



contact in the sub bearing, which is then subject to extreme wear and even seizure.

The discrepancy and inclination limits under normal air conditioner operating
conditions at a 3 x 10-3 Pa-s viscosity are shown in Flgs 12 and 13 for 15 Hz and
120 Hz, respectively. The relative angle of the diréction of discrepancy to the
direction of the inclination can be either detrimental (the discrepancy aggravates the
inclination) or beneficial (the discrepancy attenuates the inclination) to the bearing.
Both Figs. 12 and 13 illustrate the former (detrimental) case. In this case, the
tolerance limit of the inclination decreases with an increase in the discrepancy,
becoming a straight line rising to the left. This is because a 10 pm discrepancy is
geometrically equivalent to an inclination of 8 x 1075 rad.

Note that the tolerance limits (horizontal axis) for discrepancy shown by the
three straight lines in Figs. 12 and 13 are the theoretical values for the change in the
discrepancy tolerance at a clearance ratio of 1/1000 and 2/1000, assuming a
reference discrepancy tolerance of 20 pm at a 1.5/1000 clearance ratio. Precise
actual values must be obtained experimentally.
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3) Selecting the cl .

Judging from Fig. 10, it is preferable to keep the clearance ratio as close to
1/1000 as possible in order to keep the Fyp,,y -V value small. In addition, it is clear
from the discrepancy and inclination tolerance limit graph at 15 Hz (Fig. 12) that a
clearance ratio of 1/1000 is best for increasing tolerance. In the discrepancy and
inclination tolerance limit graph at 120 Hz (Fig. 13), however, a clearance ratio of 1.
5/1000 provides the greatest tolerance to inclination. Therefore, if a certain amount
of latitude is allowed in the clearance ratio considering the machine tolerance and
ease of equipment assembly, it is preferable to keep this within the range 1/1000 to
1.5/1000.

It should also be noted, however, that this analysis does not consider the
squeeze film effect of the oil film, and the optimum bearing clearance ratio might
actually be greater than this because the load carrying capacity of the oil film has
been slightly underestimated.



CONCLUSIONS .

A program for obtaining the overall load performance of main and sub
bearings in a scroll compressor was developed, and the analytical methed of this
program was applied to a small capacity model in this paper. The following
conclusions as regards the basic bearing characteristics and bearing design
guidelines can be drawn from the results.

(1)  While operating between 15 and 120 Hz, at approximately 75 Hz or less an
edge reaction force occurs in the main bearing, and the percentage of the
combined reaction force accounted for by this edge reaction force increases
as the frequency decreases. Also, the sub bearing constantly maintains a
state of hydrodynamic lubrication. .

(2)  Discrepancy affects both main and sub bearing performance, and as-the
relative angle of discrepancy to the direction of the gas load changes, the
eccentricity ratio of both bearings changes. Inclination, however, has
virtually no effect on main bearing performance, and only changes the
eccentricity ratio of the sub bearing.

(3) In order to evaluate the advance of shaft wear in the main bearing, the
tolerance limit F-V value obtained from wear tests needs to be plotted on the
F-V chart obtained in this study. The oil viscosity and discrepancy tolerance
should be set so that the F-V value of the compressor under actual operating
conditions is within these tolerance limits.

(4)  The factor restricting inclination is the occurrence of metallic contact in the
sub bearing at 15 Hz and 120 Hz, and the inclination tolerance limits are
shown in the tolerances graph in this report.

(5)  The clearance ratio should preferably be within the range 1/1000 ~ 1.5/1000,
but this range may be slightly greater because the squeeze film effect of the
oil film was not considered in this study. .
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THE MECHANICAL ANALYSIS OF & SCROLL COMPRESSOR

Yongzhang Yu ,  Yuhua Xu , Liansheng Li
(XI"AN JIAOTONG UNTVERSITY, P.R.CHINA)

ABSTRACT

Based on thermodynamic and nechanical models, the axial ang
tangential forces acting on the orbiting scroll and their balance
nethods are discussed in this paper. Besides, a dets]led analysis of
orbiting mechanism of three pins is carried out too.

INTRODUCTTOR

The advantageous characteristics of seroll cempressor  have been
proved in theory and experiment [ *] [ 2] in recent years. Remarking the
nain influences of the axial and tangential forces acting on orbiting
scroll on the performance and reliability, this paper puts forvard a
nev balancing wethod and compares it with the balance neans used. The
nathematical model and computer program of scroll compressor working
process [ # Jare applied to the calculation of this paper.h prolotype of
scrofl for air condition has been developed and tosted by authors. The
caleulated results and experimental results are consistent

THE AXTAL AND TANGENTIAL GAS FORCES ACTING ON ORBITING SCROLL

¥ith crank shaft rotation, the center of orbiting seroll js pushed
around the center of fixed scroll or crank shaft, As the gas in the
sealed volumetric chambers, which are conposed of the orhiting and
fixed scroll.is compressed, the gas pressure increases and the orbiting
seroll is forced. With the thermodyanic nathmatic wmodel [ 2] and the
mechanical model, the gas force exerting mode] i{s shown in Fig.1.
In Fig.1 al. because the pushing force Fet of crank shaft and the
tangential gas force Fet are not acted on the sape point, thus makes
the orbiting scroll rotate in itsself, the normal compression chambers
are interfered, self-rotation moment is given by

Het =Fot 2 /2 (1)

In terns of Fig.1 b),the axial gas force Fee acting on the orbiting
scroll nakes the orbiting seroll departure the fixed scroll, increasing
the axial clearance (.,and resulting in apparent decrease of volumetric
efficiency.
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BALANCING NECHANTSM OF AXIAL GAS FORCE

The axial gas force acting on orbiting seroll should be balanced
so that the normal gas compression can be completed.Balancing gas force
can be acconplished by internediate pressure chamber or with discharge
gas pressure.

Intermediate Pressure Chamber

The intermediate pressure chamber used for balancing the axial eas
force acting on the orbiting seroll is shown in Fig.2.1t is astablished
on the back of orbiting scroll and connected to the internediate sealed
compression chamber through a small apeture on the orbiting scroil
plate. In this case, the gas pressures in the intermediate compression
chamber and the intermediate balancing chamber are equal and change
vith the rotation angle 8 of crank shaft.

The balancing equation of axial gas force is represented by:

Fre = P(B ) % A

Fre = Fee > 0. (2)
or

Fer ® 1,05 ~ 1.1 Fex

When orbiting scroll moves, the gas in the internediate chamber
leaks to the suction pressure side and the gseal of this kind of leakage
is more difficult.

. The Gas In Discharge Pressure

The axial gas force balance is also completed by using the
. balancing mechanise of gas discharge pressure, yhich is consisted of a
sealing ring and put in the frame, as shown in Fig.3 a), Fig.3b) shows
the relation of forces. The balance relation of force is i

Frt=Fs+nd*t*Pd

Fre = Fer > 0. (3)
Owing to the oil in discharge pressure being exerted directly on
the sealing ring, the gas leakage through the sealing ring vill be very
little. It should be pointed out that the liauid collision and overload
of scroll compressor need a special adjusting pechanisn of orbiting
radius.

BALANCING MECHANTSM OF SELF-ROTATION MOVEMENT
The three pins mechanism used to prevent the orbiting scroll from

self-rotation is showen in Fig.4. The one end of pins is put to the
orbiting seroll or frase, the other are put into the holes in the frame



or the orbiting scroll. The balancing equlions of forces acting on the
orbiting scroll are represented as follows:

In X axis,
Ix + B % cos(8) + (fy+f2+f3) % sin(8) - (Fi+F2eFa)¥ cost8) = 0,
' (4)
In ¥ axis,
Iy + B £ sin(8) ¢ ([1412273) % cos(8) - (FysFpeFs)  sinl0) 0
(5)
The novement about point 0 is
“Fe T *r/2-Fi¥Resin(120°-8 ) =f,%[R%cos (120°- 6 -D/21+F24Rsin (8 )
+{2% (R¥cos (8 )-D/2) +F3%R¥sin (60°- 0 J-f 3% [Récos(60°-6 )+ D/2] = 0
(6)

EXPERIMENT AND RESULLTS ANALYSIS

The thersodyamic model and computer program of seroll compressor
vorking process [ 2] are directly applied to the calculation of computer.

A prototype of seroll compressor for air condition has been
developed by authors, which is consisted of the anti-self-rotation
mechanism using three pins and the axial gas force balancing mechanism
using oil in discharge pressure in a sealing ring. The refrigeration
quantity of compressor is 10,000 Keal/h.

The results of theoretical caleulation and experimental test
are shovn in Fig.6 and Fig.7, Fig.6 represents the relation betveen
EER and Ae, Fig.7 represents the relation between EER and d..

Under the fixed testing conditions that include the compressor
vorking condition and the surrounding condition, because Fv. varies
With the change of sealing ring diameter, i.e,the acting area of oil
against” the orbiting scroll, the input power or the volumetrie effici-
ency of compressor will change at the same time. According to this, at
a certain Ae#, there vill be a maxinun EER,because vhen Ae is greater
than A%, input pover of compressor increases; while the A. is less
than Ae#, the axial clearance enlarges,and the volumetric efficiency
decreases. The above two cases all makes the FER of scroll copressor
decrease.

In Fig.7, there is also a maximum EER which is acquired at a -
certain di %, the cause is that when dy is ereater than di* ,the friction
between tangential walls of orbiting and fixed seroll increase, the
input pover of compressor increases and the EER decreases; when d, is
less than di%, the orbiting serol] has a little self-rotation, the
tangential gas leakage of scroll compressor enhances,and the volumetric
efficicncy and the EER decreases.



CONCLUSTONS

1. Axial and tangential gas forces acting on the orbiting scroll
have been analysed. These two forces vill influence efficiency and
reliability of the compressor, it must be balamced perfectly.

2. Using discharge pressure in a sealing ring is a easy way to
balance the axial force and a optimizing diameter of the ring is found
by calculation and experiment.

3. The self-rotation of orbiting scroll may be prevented.by the pin
gechanism and the analysis of the acting forces on the pins has been
carried out.

SYNBOLS
f,---theacting area of intermediate pressure chamber on the orbiting
scrolli
fc---the acting area of oil in the sealing ring;
C.---axial clearance;
d ---the intermediate diameter of sealing:
di---pin dianmeter;
D ---pin hole diameter (D=dl + 2 % r);
EER---energy efficiency ratio;
fi,f2,fa-==friction force bétween orbiting seroll and pins;
Fi,Fz,Fa==-the acting forces between pins and orbiting scrolls
Fee---axial gas force acting on orbiting scrolls
P, 1 ---tangential gas force acting on orbiting scroils
FN t ---pushed force of crank shafts .
F.---radial gas force acting on orbiting scroll;
Frc---pushed force of axial direction;
Fs---spring force;
Ix, Iy--=inertial force of orbiting scroll;

Ho---nass of orbiting scroll;
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Hr T ---self-rotation moment of orbiting scroll;
0---center of orbiting serolls

0:---center of fixed scroll or crank shaft:

ps---suction pressure;

pa---discharge pressure;

P(8)---gas pressure in intermediate pressure chamber;
r===-orbiting radius;

R----distance from the center of orbiting to the center of pin hole:
t----vidth of sealing ring;

8 ---orbiting angle:

o ---angular veloeity of shaft;

w ---angular velocity of orbiting seroll self-rotation;

{o--~coefficient of sliding friction.
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Fig.4 Mechanisn of preventing orbiting seroll from self-rotation
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Use of Polymer Suction Valve in Piston on the Low Side Compressor

Prasanta K. Roy and Michael A. Di Flora
Bristol Compressors, Bristol, VA (U.5.A)

ABSTRACT

Although plastic utilization is abundant in the automotive industry and
growing day by day, its usage is very limited, especially in the running gear of
air conditioning and refrigeration COMmpressors.

In recent years, different polymers have been developed by several
manufacturers and the properties of some are suitable for use as a valve
material for reciprocating compressors. In Inertia compressors, Kadel suction
valves are utilized to attain high efficiency and reliability under wide range of
compression ratios, For this reason, the Inertia compressor is very suitable for
heat pump air conditioners.

INTRODUCTION

After the Energy Crisis, energy conservation has been the most
important topic in the field of air conditioning. In the United states, the
regulation of system efficiency started in 1992, Besides the governmental -
regulations, higher efficiencies have been required from the distributors to
meet the customer's needs concerning energy savings.

In such a situation, there came a strong demand for higher efficiency
compressors, because the improvement of compressor efficiency is the most
economical method to increase unit efficiency in spite of technological
difficulties. Thus, most compressor manufacturers have been eagerly
improving conventional compressors and developing new ones.

The Inertia compressor is a new generation of reciprocating
compressor, utilizing polymer suction and discharge valves,

This paper describes the properties, design, development, testing, and
implementation of the polymer suction valves in the Inertia pump, which is
one of the highest efficiency reciprocating compressors in the market today.

DESIGN FEATURE

The plastic valve when used dynamically in a compressor, running
approximately five million cycles in 24 hours, is very critical and must have
the physical and mechanical properties to withstand the cyclic loading, high.
temperature, impact, and fatigue. High tensile strength (30,000 psi), low
elongation (1.5%), high flexural modules (2.3 million psi) and high deflection
temperature (634°F) are some of the key properties of the polymer suction
valve material. Table 1 shows the characteristics of different polymers that
have been evaluated for the Inertia compressors.
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Kadel E-1230 (Polyaryletherketone, PAEK) has proven to be the most
snitable. The selected high-performance thermoplastic is shown in Table 2.
Table 3 compares the strength of different polymers at room temperature.
Graphs 1 and 2 depict bending fatigue of Kadel E-1000 at and reverse bending
fatigue of Kadel E-1230, respectively.

Availability, pricing, design, molding, and machining are also important
factors in the successful application of the suction valves (shown in Fig. 1).

Contrary to the standard practice of "Swedish Flapper Valve Steel”
suction valve on a steel valve plate, the polymer suction valves simply rest on
the inner and outer seats of the machined cast iron pistons. The retainer
screwed into the piston post controls the lift of the suction valve which is
optimized to achieve the desired efficiency and sound level of the compressor.

The suction gas is routed directly throngh the crankcase body into the
piston suction ports. The direct gas is much cooler (Fig. 2) and has less
pressure drop as it flows through the 360° opening of the suction valve. The
result is higher BTU/cubic inch (Fig. 3) and higher efficiency of the pump
(Fig. 4).

ENDURANCE TESTING

The different polymer valves have been evaluated to assure the
efficiency of the compressor. Also extensive endurance testing of the
different valves has been undertaken to select the final polymer, which is 30%
carbon reinforced PAEK. Finite element analysis has been used extensively
in designing the valve and correlated with the actual performance and life
testing. A large database has been constructed. Life testing of Imertia
compressors at the different abuse and accelerated conditions is summarized
in Table 4.

CONCLUSION

Control of base material (resin pallets) and molding process (humidity,
temperature control, melting, feeding, gating, and injection) must be perfected
to control porosity, shrinkage, cracking, and other problems during injection
molding. Machining to the final dimensioned valves is another milestone.
Matching the mating parts, e.g., piston seats and valve contact areas is very
critical to the performance. By perfecting these features, the polymer valve

has been successfully implemented in the Inertia compressor.
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[t e o o rasy_ o DOIVINGT CHATACTBTRSTIES 11 /o 0w T wrssieds ot v 3¢t 2e)
Thermid Vespel Peek Ultem Torlon Shamban  Kadel
Characteristic MC6000  SEITMT 430G 17445  E1230
Tarcile strength(ps) at 73° F 12,008 12,500 14,500 15,000 22,000 31,000 30,000
Elongation N break (%) 2 75 35 A 15 2 1.5
Flgswal moduokss (psi) 2 73% F 650,000 450,000 550,000 440.000 730,000 2,600,000 2,300,000
Polsson's o ——— 0.41 0.42 —_— 0.38 — 032
Datiection temp.(*F) at 264 psi _ €80 320 420 532 554 634
Denaty (lbs/ind) 0.049 0.052 0.048 0.047 0.051 0.051 0052
Water absarption aner 24 hrs. 0 0.24 01§ 0.28 0.33 0.06 0.02
Hardnass 91Shore D 45-58 RWE ——— BGAWE —
92-102 RWM 110RWM 110RAWM
Faligue endurance (psi) at 10(7) —_— 6.000 11,500 — 6,000 — 12,000
ad 73'F
Fatigue erxiurance (psi) at 10{7) — 4,000 —— — 2,400 — 7.000
and 275°F
Fristion coet. @ PV-25000 0.21 0.29 0.15 o 0.33 e 0.20
Iscd impact - Notched —_— 1.5 1.8 —_— 2.7 1.1 15
Flavim: Un-noichad —_— a0 no braak —-— 20 " 1.2
Typa Material Polyimide Folyimida Polyather- Polyathe- Polyam‘de- Carbon re- 30% carton
(machined) etharkelone  rimide imide inforced remntorced
polyether- PAEK
etherkstona  (potyaryk
etharketons)
Table 1
TABLE 2 High Thevmop
GENERIC NAME. MANUEAGTURER TRACENAME
POLYKETONES
Poiygihereihatkeiona (PEEK) impestal Chemical Indusiries (IC1) Vichex PEEK
Poiyailerkeone {PEK) Impertsl Chemicsl indusirias (IG1) Viciras PEK
ne (PEKK) £ 1 Dupml aa Namow s PEKK {1)
ioneelherkalonakeiona (PEKEKK) |BASF Ulirapes.
Polyhaiens Amaco Perlormance Products addat
POLYARYLENE SULFIDES
Polyphenylena aulde (PPS) Phidips Peissleum Company Aywon PPS
yiene sullde (PAS) Phlips Patrsieum Company Ayon PAS-2 ()
suliie sullone (PPSS) Phllips. Paircisum Campany Rylan 5 PPSS (2)
POLYAMIDES
Polyamuia E 1 Dupond e Namowa J2 (L)
Polysmmemxie (PA) Amoce Paviorinancs Products Torkan
POLTIMIDES
Palyatyianeimion .l Dupxil e Nemoins. K-Polymes
Polyarylensimos €.1 Cupont de Nemeurs N-Polymar
Polyimide Eihyl Corporation EYMYD
Pelyalharimide (PEI} General Elacine Company Uiiam
Palyaiherimide Amrican Cyanamid Cypac ’
Polykeigunnde Musul Toatsy Ghamicals inc. (MTC) Late-TPI, Now-TPY
Polykelcimdy Rogavs Carp Durlmid
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TABLE 3

Fatigue Soength of Reinforeed E; ing Thermoplasties
(data from 39th SPI RP/C Conference, ASTM D-671)
(Room Temp @ 1,800 gycles/mi
. STRENGTH, PS|

MATERIAL CLatt maER, & CARSON FRER & ' [l T ] uicrerrs
Nylon 6/6 -- - 3,400 3,100
Nylan 6/6 30 - 8,000 5900
Nylan &/6 -- 30 13,000 8,000
PAEK -- 30 18,000 17,000
Polyethersulfone 30 - 16.000 5.000
Polyethersulfone - 30 22,000 6,700
Polyphenylene Sulfide - - 0 13.000 9.500
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Compressor Efficiency

258 Inentia vs. 238 Standard Reciprocating
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Fig. 4
‘ H25B Life Test Summary l
Comploted Life Tests
Number of :
«Standard Slug 26
-Start/Stop 38
<High Compression 19
«Detrost Cycle 14
«Continuous Frostback 9
+High Load 26
«High Mass Flow 6
«Heat Pump 21
«Unitary Siug Test 9
.Continuous Run 2
Grand Total 170
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