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1. ABSTRACT 

Recently, flat heat pipes have been proposed for surface cooling applications to passively extract and 

recover thermal energy from hot surfaces. For instance, flat heat pipes have recently been proposed as 

thermal absorber for photovoltaic/thermal (PV/T) applications or for the thermal management of 

batteries. Following promising surface cooling results, increasing the fundamental knowledge of the 

two-phase heat transfer taking place inside such multi-channel flat heat pipes can participate to its 

widespread and lead to further improvement of the technology. Indeed, until now, the investigations 

have focused on the application only and not on the performance of the flat heat pipe itself. In this 

regard, this manuscript experimentally and theoretically investigates the thermal performance of a multi-

channel flat heat pipe used for surface cooling applications. Heat transfer rates in the range 0-1500W 

are studied and their impact on the boiling, condensation, and total thermal resistance of the multi-

channel flat heat pipe is measured. In order to predict the thermal performance of the multi-channel flat 

heat pipe at all heat transfer rates, a theoretical model is proposed, which considers the impact of the 

multi-channel geometry. This model uses a multi-channel thermal resistance network. Furthermore, an 

important number of two-phase correlations for pool boiling and condensation are compared with 

experimental data and the optimum equations are integrated into the multi-channel model. As a result, 

over the whole range of heat transfer rates investigated, the proposed multi-channel flat heat pipe model 

was able to predict the boiling, condensation, and total thermal resistances of the heat pipe with an 

average error of 17.2%, 14.4% and 13.1%, respectively. Finally, the impact of the tilt angle is also 

studied, and infrared imaging of the flat heat pipe surface is presented. 

Nomenclature 

𝐴 Surface area m2 

𝐶 Constant Dimensionless 

𝑐𝑝 Specific heat J. kg−1. K−1 

𝐶𝑠𝑓 Constant in Rohsenow correlation depending on the surface-

fluid combination 
Dimensionless 

𝐷 Diameter m 

𝐷𝑑 Bubble departure diameter m 

𝑔 Gravitational acceleration m. s−2 

ℎ Heat transfer coefficient W.m−2. K−1 
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𝑖𝑙𝑣  Latent heat of vaporization J. kg−1 

𝐽𝑎 Jakob number, (𝐽𝑎 = ∆𝑇𝑐𝑝,𝑙𝜌𝑙 𝜌𝑣𝑖𝑙𝑣⁄ ) dimensionless 

𝑘 Thermal conductivity W.m−1. K−1 

𝐿 Length m 

𝐿𝑏 Bubble length scale, (𝐿𝑏 = [𝜎 𝑔(𝜌𝑙 − 𝜌𝑣)⁄ ]1 2⁄ ) m 

�̇� Mass flow rate kg. s−1 

𝑀𝑚𝑜𝑙  Molecular weight kg. kmol−1 

𝑁𝑎 Number of active nucleation sites per unit surface area m−2 

𝑁𝑚𝑜𝑙  Avogadro number, (𝑁𝑚𝑜𝑙 = 6.022 × 1020) kmol−1 

𝑃 Pressure Pa 

𝑃∗ Dimensionless reduced pressure, (𝑃∗ = 𝑃 𝑃𝑐𝑟𝑖𝑡⁄ ) N.m−2 

𝑃𝑟 Prandtl number, (𝑃𝑟 = 𝑐𝑝𝜇 𝑘⁄ ) Dimensionless 

�̇� Heat transfer rate W 

𝑞" Heat flux per surface unit area W.m−2 

𝑅 Thermal resistance K.W−1 

𝑅𝑎 Arithmetic mean deviation of the profile (Mittenräuwert), 

ISO4287-1 : 1984/DIN4762 
m 

𝑅𝑎,𝑝 Average roughness parameter μm 

𝑅𝑒𝑓 
Falling film Reynolds number, (𝑅𝑒𝑓 = 4𝛤 𝜇𝑙⁄ ) Dimensionless 

𝑅𝑚𝑜𝑙  Molar specific gas constant, (𝑅𝑚𝑜𝑙 = 8314.4598) J. K−1. kmol−1 

𝑆𝑥 Uncertainty related to the variable 𝑥 Unit of 𝑥 

𝑇 Temperature K 

𝑤 Pitch m 

𝑧 Thickness m 

Greek Symbols 

𝛼 Thermal diffusivity, (𝛼 = 𝑘 𝜌𝑐𝑝⁄ ) m2. s−1 

𝛿 
Film thickness m 

∆ Difference Dimensionless 

𝛤 
Mass rate of liquid flow per unit periphery kg.m−1. s−1 

𝜌 Density kg.m−3 

𝜎 Surface tension N.m−1 

𝜇 Dynamic viscosity Pa. s 

Subscripts 

𝐴𝑙𝑢𝑚 Aluminium  

𝑏𝑜𝑖𝑙𝑖𝑛𝑔 Boiling  

𝑐 Condenser / Condensation  
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2. RESEARCH BACKGROUND 

Thermal absorbers have been used to extract and recover the excess heat from flat surfaces with the 

objective of maintaining an optimum temperature of photovoltaic cells and batteries. Due to their high 

thermal conductivity and uniform temperature distribution characteristics, heat pipes have been 

proposed as a technical solution for surface cooling purposes [1]. However, to assure the two-phase 

cycle of the working fluid, heat pipes are commonly manufactured with cylindrical shapes which is not 

suitable for surface cooling applications. In this regard, flat heat pipes have recently appeared that use 

an internal multi-channel geometry in which the working fluid transfers the thermal energy. Such flat 

heat pipes have appeared in two surface cooling applications: photovoltaic/thermal (PV/T) panels, and 

battery thermal management [2]–[5]. 

One of the first uses of a flat heat pipe for the cooling of photovoltaic (PV) cells was reported by Deng 

et al. [6] who presented a flat micro heat pipe array made in aluminium. The internal geometry of the 

flat heat pipe consisted of eight independent parallel channels with micro fins. However, due to the 

limited width of the flat heat pipe used (about 50mm), several independent heat pipes were placed in 

parallel for the cooling of the PV panel. In this case, a uniform temperature distribution of the apparatus 

was only partially achieved. A water tube combined with a flat heat exchanger was used as a heat sink. 

After a year of investigation, the maximum combined photovoltaic-thermal efficiency was recorded at 

45.5%, with 31.6% thermal efficiency and 13.4% electrical efficiency. Another study made by the same 

group of researchers was published by Hou et al. [7] and revealed that the thermal efficiency of their 

apparatus was greatly influenced by the cooling water temperature inside the tank. Thus, between 

𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛 Condensation  

𝑒 Evaporator  

𝑓𝑓𝑏 Falling film boiling  

𝑖𝑛 Inlet  

𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑 Cooling manifold  

𝑝𝑏 Pool boiling  

𝑜𝑢𝑡 Outlet  

𝑠 Surface  

𝑠𝑎𝑡 Saturation  

𝑣 Vapour  

𝑤 Wall  

𝑤𝑎𝑡𝑒𝑟 Water  

Superscripts 

" Per surface area m−2 

. Per unit of time s−1 

∗ Dimensionless dimensionless 

Acronyms 

FR Filling ratio  

HP Heat pipe  

PV/T Photovoltaic/thermal  
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summer and winter, the thermal efficiency of the heat pipe based photovoltaic/thermal (PV/T) system 

decreased from 40% to 20%. A similar micro-heat pipe array was used by Modjinou et al. [8] who used 

six parallel flat heat pipes charged with acetone for the cooling of their PV cells. The daily electrical 

and thermal efficiencies measured were 7.6% and 50.7%. Yet, in the previous investigations where 

several micro-heat pipe arrays were used for cooling photovoltaic cells, the independent operation of 

each flat heat pipe means that they can present different working temperatures. Thus, the cooling of the 

photovoltaic cells is not uniform. In particular, with the warmup of the cooling water inside the heat 

sink, it is very likely that significant temperature differences occurred between the flat heat pipes placed 

near the water inlet and those near the water outlet. In a different PV/T application, Shittu et al. [9] used 

a flat plate micro-channel heat pipe at the back of their photovoltaic cells. In this apparatus, the authors 

chose to combine the flat heat pipe with a thermoelectric generator which converted the thermal energy 

extracted to electricity. In this study, low interest was given to thermal energy and the aim was the 

maximising of the electrical output. Nevertheless, the thermal efficiency of the system was measured, 

and the maximum efficiency reached 69.5%. Unfortunately, in this work, very little information on the 

flat plate micro-channel heat pipe was provided. Yu et al. [10] investigated the thermal performance of 

a multi-channel flat heat pipe made of twenty micro-channel heat pipes linked at the top and bottom by 

headers for cooling photovoltaic cells. Several limits can be identified in the proposed system. For 

instance, empty spaces were found between each parallel micro-channel heat pipe, which shows that the 

whole absorber surface was not passively active. Further, an aluminium plate was used between the 

multi-channel heat pipes and the PV cells, which has the advantage of improving the cooling uniformity 

but increases the thermal resistance of the absorber. The thermal efficiency of the multi-channel flat heat 

pipe-based absorber was found to be in the range 25.2% to 62.2%. To tackle the non-uniform 

temperature distribution of heat pipes using independent channels, Jouhara et al. [4], [11] designed and 

patented a multi-channel flat heat pipe called “Heat Mat” which uses parallel channels connected by 

collectors and allows the circulation of the working fluid in all the channels. In addition, the heat mat 

uses a unique channel shape to enhance the heat transfer from a flat heat source to the working fluid. By 

using the heat mat as a built-in integrated material, the temperature of the photovoltaic cells was 

decreased from a range of 40-58°C to 28-33°C, which led to an increase of the electrical output of 15%. 

As a result, the multi-channel flat heat pipe-based PV/T system reached electrical and thermal 

efficiencies of 6.1% and 64%, respectively. Yet, to date the performance of the heat mat has only been 

investigated experimentally.  

The thermal management of batteries is another area in which multi-channel flat heat pipes have recently 

been introduced as a technical solution. If the temperature of the battery is not controlled, a loss of 

efficiency in terms of functionality and capacity is observed [12]. In addition, failing to balance the 

change of battery temperature generated by the internal chemical reactions decreases the life cycle and 

safety of the batteries [2]. In this regard, Jouhara et al. [3] used a multi-channel flat heat pipe (heat mat) 

for the temperature control of batteries. Due to the internal geometry of the parallel channels linked at 

the top and bottom by collectors, the battery temperature was uniformly maintained within ±1ºC. It was 

demonstrated that the heat mat was able to remove about 60% of the heat generated by the battery and 

that the maximum battery temperature reached only 28°C. Diao et al. [13] presented a new type of latent 

heat thermal energy storage in which the phase change material was in contact with six flat micro-heat 

pipe arrays. The flat heat pipe array comprised parallel channels inside which the heat transfer area 

between the wall and the working fluid was increased by using fins. Unfortunately, the thermal 

performance of the flat micro-heat pipe arrays was not evaluated. Zhao et al. [14] studied the temperature 

management of lithium-ion batteries using flat heat pipes. Even if the internal geometry of the flat heat 

pipes used was not described, the parallel micro-channels are likely to be connected. The flat heat pipes 

were 2mm thick, made from aluminium extrusions, and they used acetone as the working fluid. Different 

types of heat sinks for the heat pipes were compared and it was found that the horizontal heat pipes with 

wet cooling was the system which managed to keep the lowest battery temperature. Indeed, the 

temperature of the packs was maintained below 30°C with a maximum temperature difference of 1.5°C 

within the battery pack. 
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Despite the recent introduction and promising results of multi-channel flat heat pipes with surface 

cooling applications, to date most of the published work focuses on the application and not on the 

thermal performance of the multi-channel flat heat pipe itself. In particular, the number of theoretical 

models of multi-channel flat heat pipes in the literature is limited. Almahmoud and Jouhara [15], [16] 

and Delpech et al. [17] are the only authors who proposed theoretical models of multi-channel heat 

pipes. In both cases, the multi-channel heat pipes modelled consisted of cylindrical stainless-steel tubes 

linked at the top and bottom by collectors. In their theoretical models, the authors considered an 

equivalent heat transfer area of boiling and condensation and thus assumed a constant temperature 

between each leg and the collectors. Recently, Guichet et al. [18] investigated the thermal performance 

of a multi-channel flat heat pipe and proposed a theoretical model which considers the multi-channel 

geometry. At a heat transfer rate of 500W, the temperature of the heat pipe was predicted within a 1.4°C 

error and the multi-channel flat heat pipe thermal resistance within a 30% error. Yet, so far, only one 

heat transfer rate was investigated, and the multi-channel flat heat pipe model proposed remains to be 

further validated at different heat transfer rates. 

Following a previous publication by Guichet et al. [18],  the multi-channel flat heat pipe theoretical 

model proposed must be further validated by investigating different heat transfer rates. Hence, in this 

paper, the thermal performance of a multi-channel flat heat pipe is investigated at various heat transfer 

rates in a range 0-1500W. The proposed theoretical model is also optimized by comparing the various 

pool boiling and condensation correlations to be introduced in the multi-channel thermal resistance 

model. The capacity of the model to predict the thermal performances of the multi-channel flat heat pipe 

is investigated. Finally, to increase the knowledge on two-phase heat transfer in multi-channel flat heat 

pipes, the impact of the tilt angle on the thermal performance is also studied, and infrared red imaging 

of the flat heat pipe is presented. 

3.  EXPERIMENTAL APPARATUS 

The multi-channel flat heat pipe (heat mat) investigated presents a rectangular flat surface of 

680x497mm, a thickness of 12mm, and comprises 43 vertical parallel channels obtained by aluminium 

extrusion. The parallel channels are linked at the top and bottom by horizontal collectors, which allow 

the circulation of the working fluid in all the channels. The channels’ cross section fits in a circle of 

diameter 6mm. For more details on the internal structure of the multi-channel flat heat pipe, insights are 

provided in the International Patent nº WO2015193683 [19]. In this study, R134a was used as a working 

fluid. Based on the size of the evaporator, in this experiment, the filling ratio FR was 100% which means 

that the complete evaporator was filled by the liquid pool. Flat silicon heaters were placed as a heat 

source at the bottom of the multi-channel flat heat pipe surface. At the top of the heat mat, a cooling 

manifold inside which water circulates recovered the thermal energy distributed by the heat pipe. High 

conductivity thermal paste was used to decrease the contact resistance between the heat pipe and the flat 

elements. The multi-channel flat heat pipe assembly and heat transfer principles of the device 

investigated are presented in Figure 1. 
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Figure 1: A) Multi-channel flat heat pipe assembly and B) heat transfer principles of the investigated multi-channel flat heat 

pipe test rig. 

To measure the performance of the heat pipe, thermocouples were placed on the heat pipe at 16 different 

locations and all the system was covered with insulation to prevent thermal losses. The thermocouple 

locations are presented in Figure 2. Due to the presence of the heaters and cooling manifold on the front 

surface, the temperature measurements for evaporator and condenser sections had to be made from the 

back surface of the flat heat pipe. 

 

Figure 2: Thermocouple locations 

With the objective of investigating the impact of the heat transfer rate on the performance of the multi-

channel flat heat pipe, the power was adjusted via a control box and measured with a power logger 

PEL105. The heat transfer rate range investigated was selected to be 0-1500W and an incremental step 

of 100W was used. Four thermocouples were placed on the cooling water inlet and outlet to measure 

Jo
urn

al 
Pre-

pro
of



 
 

the heat transfer rate experimentally. The test apparatus also allowed the control of the cooling water 

flow rate using a valve. The flow rate was measured manually by multiple (6 or 7) cooling water volume 

samples. The heat pipe was placed on a rotating axis so that the tilt angle of the apparatus could be 

changed. Finally, temperature measurements from the thermocouples were recorded using two NI-9213 

thermocouple modules and a national instrument datalogger. The experimental test rig used is presented 

in Figure 3. 

 

Figure 3: Experimental test rig 

4. DATA REDUCTION 

In the objective of describing the thermal performance of the multi-channel flat heat pipe, the raw data 

from the thermocouples and cooling water flow rate measurements are reduced to other quantifiable 

parameters. The experimental heat transfer rate passing through the system can be obtained using the 

cooling water mass flow rate and temperature measurements for water inlet and outlet: 

 
�̇� = �̇�𝑤𝑎𝑡𝑒𝑟𝑐𝑝,𝑤𝑎𝑡𝑒𝑟(𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛) (1) 

where �̇� is the heat transfer rate through the system (W), �̇�𝑤𝑎𝑡𝑒𝑟 is the water flow rate in the cooling 

manifold (kg/s), 𝑐𝑝,𝑤𝑎𝑡𝑒𝑟 is the specific heat of water (J/kg.K), and 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 and 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛 are the water 

temperatures at the outlet and inlet (K), respectively. To avoid potential errors in the modelling of the 

multi-channel flat heat pipe, in this study the thermal resistance of the cooling manifold was determined 

experimentally from: 

 𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑 =
1

�̇�
×

𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡

𝑙𝑛((𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡) (𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛)⁄ )
 (2) 
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where 𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑 is the cooling manifold thermal resistance (K/W), �̇� is the total heat transfer 

rate through the system (W), 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛 and 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 are the water inlet and outlet temperatures (K), 

and 𝑇𝑠 is the surface temperature of cooling manifold in contact with the heat pipe (K). Averages of the 

thermocouples in the relevant zone were calculated to determine the temperature of the evaporator, 

adiabatic, and condenser sections of the flat heat pipe. Then, the boiling, condensation, and total thermal 

resistances of the multi-channel flat heat pipe were obtained from: 

 𝑅𝑏𝑜𝑖𝑙𝑖𝑛𝑔 =
(𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 − 𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐)

�̇�
 (3) 

 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛 =
(𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐 − 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟)

�̇�
 (4) 

 𝑅𝐻𝑃 =
(𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 − 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟)

�̇�
 (5) 

where 𝑅𝑏𝑜𝑖𝑙𝑖𝑛𝑔, 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛, and 𝑅𝐻𝑃 are the boiling, condensation, and total heat pipe thermal 

resistances (K/W), 𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟, 𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐, and 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 the evaporator, adiabatic, and condenser 

temperatures (K), and �̇� the heat transfer rate (W). Experimentally, the boiling and condensation heat 

transfer coefficients can be derived from the respective thermal resistances with: 

 
ℎ =

1

𝐴𝑅
 (6) 

with ℎ the heat transfer coefficient (W/m²K), 𝐴 the heat transfer area (m²), and 𝑅 the thermal resistance 

(K/W). 

5. ERROR PROPAGATION AND STANDARD DEVIATION 

The accuracy of the experimental results was estimated from the propagation of measurement errors in 

the experimental data from the sensors. To estimate the error from the experiments, two strategies are 

possible and they are compared. On the one hand, the error can be estimated theoretically by considering 

the uncertainty from the sensors and studying the propagation of the errors in the data reduction 

equation. On the other hand, the experimental error can be assessed by studying the standard deviation 

between multiple experiments. This approach mainly estimates the scatter of the data but does not detect 

systematic errors. Starting with the measurement uncertainty, the temperature measurement error from 

the thermocouples was estimated by operating a series of 10 measurements on 5 different K-type 

thermocouples inside cold and boiling water. The uncertainty from the cooling water flow rate 

measurement was estimated by repeating the measurement of the same water flow rate 10 times. The 

estimated measurement uncertainties are reported below. 

Table 1: Estimated measurement uncertainties 

Flow rate manual measurement 𝑆𝑉𝑤𝑎𝑡𝑒𝑟 𝑖𝑛 10𝑠,𝑚𝑎𝑛𝑢𝑎𝑙
 2.5 ml 

Thermocouple 𝑆𝑇 0.2 K 

 

From the estimated uncertainties of the temperature and flow rate measurements, the possible error in 

estimating the heat transfer rate 𝑆�̇� can be calculated from: 
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𝑆�̇� = �̇�√(
𝑆�̇�𝑤𝑎𝑡𝑒𝑟 

�̇�𝑤𝑎𝑡𝑒𝑟

)
2

+ (
𝑆∆𝑇𝑤𝑎𝑡𝑒𝑟
∆𝑇𝑤𝑎𝑡𝑒𝑟

)
2

 (7) 

 
𝑆∆𝑇𝑤𝑎𝑡𝑒𝑟 = √𝑆𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡

2 + 𝑆𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛
2 = 𝑆𝑇 (8) 

with �̇� the heat transfer rate (W), 𝑆�̇�𝑤𝑎𝑡𝑒𝑟 
 the uncertainty related to the water mass flow rate �̇�𝑤𝑎𝑡𝑒𝑟 

(kg/s), 𝑆∆𝑇𝑤𝑎𝑡𝑒𝑟  the uncertainty related to the difference of cooling water temperature (K), and 𝑆𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 

and 𝑆𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛 the error uncertainties related to the water outlet and water inlet temperature measurements 

(K). The error related to the cooling manifold thermal resistance 𝑆𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑
 is given by: 

 𝑆𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑
= 𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑 × 

√
  
  
  
  
  
  
 

(
𝑆�̇�

�̇�
)

2

+ (
𝑆∆𝑇𝑤𝑎𝑡𝑒𝑟
∆𝑇𝑤𝑎𝑡𝑒𝑟

)
2

+

(

 
 
 √

3
4⁄ 𝑆𝑇

2

(𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡)
2 +

3
4⁄ 𝑆𝑇

2

(𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛)
2

𝑙𝑛((𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡) (𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛)⁄ )

)

 
 
 

2

 

(9) 

with 𝑅𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑 the cooling manifold thermal resistance (K/W), 𝑆�̇� the uncertainty related to the 

heat transfer rate �̇� (W), 𝑆∆𝑇𝑤𝑎𝑡𝑒𝑟  the uncertainty related to the cooling water difference of temperature 

∆𝑇𝑤𝑎𝑡𝑒𝑟 (K), 𝑆𝑇 the thermocouple uncertainty (K), 𝑇𝑠 the cooling manifold surface temperature in 

contact with the heat pipe (K), and 𝑇𝑤𝑎𝑡𝑒𝑟,𝑖𝑛 and 𝑇𝑤𝑎𝑡𝑒𝑟,𝑜𝑢𝑡 are the water inlet and outlet temperatures 

(K). To estimate the uncertainty on the boiling, condensation, and total heat pipe thermal resistances, 

the following equations are used: 

 

𝑆𝑅𝑏𝑜𝑖𝑙𝑖𝑛𝑔 = 𝑅𝑏𝑜𝑖𝑙𝑖𝑛𝑔√
𝑆𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟

2 + 𝑆𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐
2

(𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 − 𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐)
2
+ (

𝑆�̇�

�̇�
)

2

 (10) 

 

𝑆𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛 = 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛√
𝑆𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐

2 + 𝑆𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟
2

(𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐 − 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟)
2
+ (

𝑆�̇�

�̇�
)

2

 (11) 

 

𝑆𝑅𝐻𝑃 = 𝑅𝐻𝑃√
𝑆𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟,𝑝𝑏

2 + 𝑆𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟
2

(𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟,𝑝𝑏 − 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟)
2
+ (

𝑆�̇�

�̇�
)

2

 (12) 

In the above equations, 𝑅𝑏𝑜𝑖𝑙𝑖𝑛𝑔, 𝑅𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑎𝑡𝑖𝑜𝑛, and 𝑅𝐻𝑃 are the boiling, condensation, and total heat 

pipe thermal resistances (K/W), 𝑇𝑒𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟, 𝑇𝑎𝑑𝑖𝑎𝑏𝑎𝑡𝑖𝑐, and 𝑇𝑐𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 the evaporator, adiabatic, and 

condenser temperatures (K), and �̇� the heat transfer rate (W) and 𝑆𝑥 the corresponding uncertainty of 

the variable 𝑥. 

Based on the data reduction equation, the data error was estimated theoretically. This estimated error on 

the data was compared with the experimental error which was obtained by doing the standard deviation 

between four similar experiments. In Figure 4 are presented the theoretical and experimental errors made 

in the estimation of the heat transfer rate and of the cooling manifold at heat transfer rates in the range 

0-1500W. 
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Figure 4: Theoretical and experimental errors of the heat transfer rate and cooling manifold resistance during the multi-channel 

flat heat pipe experiments 

Based on the error propagation equation, the maximum relative error made on the estimation of the heat 

transfer rate is about 25% and it is obtained at a minimum heat transfer rate of 100W. Experimentally, 

the standard deviation between the four experiments that were conducted at a heat transfer rate of 100W 

was 10%. Hence, the experimental error observed seems to be lower than the expected theoretical error, 

which means that the experimental data can be repeated with similar results and confirms the accuracy 

of the results. Similar observations were made while determining the cooling manifold thermal 

resistance during which the theoretical error was expected to be as high as 50% whereas, experimentally, 

the cooling manifold thermal resistance calculated was not varying by more than 10% between four 

similar experiments. More importantly for the current study, the experimental error on the data was 

relatively low for the heat pipe thermal resistances too, as witnessed by Figure 5. 
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Figure 5: Theoretical and experimental errors of the boiling, condensation, and total flat heat pipe thermal resistance during the 

multi-channel flat heat pipe experiments 

Overall, it is observed that the experimental error decreases with an increase of the heat transfer rate. 

This is explained as an increase of the heat transfer rate generates higher differences of temperature 

inside the system which reduces the relative error of the temperature measurements from the 

thermocouples. Theoretically, the condensation thermal resistance error was estimated to be relatively 

high due to very low differences of temperatures between the adiabatic and condenser sections. In 

comparison, for the boiling thermal resistance, the difference of temperature between the evaporator and 

adiabatic section is high and thus, the expected and measured errors are lower. Even if, based on the 

estimated inaccuracy of the measurements and of the data reduction equation, the error made on the 

boiling and condensation thermal resistances is expected to be up to 33% and 72%, experimentally, the 

standard deviation between the experiments shows a standard deviation lower than 20% for the boiling 

thermal resistance and lower than 30% for the condensation thermal resistance. A maximum standard 
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deviation of 13% was observed while determining the total heat pipe thermal resistance. Hence, the 

analysis of the experimental error shows that the estimated experimental error is higher than the 

measured experimental error of the data. The low standard deviation observed in the experimental results 

shows a satisfying repetition of the experiments and brings confidence in the accuracy of the results 

obtained. 

6. THEORETICAL MODEL 

Theoretical models are available in the case of single cylindrical thermosyphons (wickless heat pipes). 

Despite the complex two-phase mechanisms involved in the evaporation and condensation of the 

working fluid inside the heat pipe, several correlations have been identified as reliable in predicting the 

performance of heat pipes [20], [21]. To estimate the pool boiling heat transfer coefficient, the 

correlation by Rohsenow [22] is usually used whereas the Nusselt [23] correlation is employed to 

describe the film condensation heat transfer. By using a thermal resistance analysis, these correlations 

allow a determination of the temperature inside the heat pipe. In the case of a multi-channel heat pipe, 

which comprises parallel legs linked by top and bottom collectors, a thermal resistance network must 

be adapted. Hence, in this manuscript, a new thermal resistance network is proposed which includes the 

parallel legs and the two collectors. The equivalent thermal resistance model proposed for the multi-

channel flat heat pipe is presented in Figure 6. 

 

Figure 6. Multi-channel flat heat pipe thermal resistance model 

In the above thermal resistance model, Rext, is the external thermal resistance, Rwall,e channel is the 

conduction thermal resistance at the evaporator to a single channel, Rwall,e bottom collector is the conduction 
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thermal resistance at the evaporator to the bottom collector. Similar thermal resistances are included at 

the condenser section. Those resistances are calculated using well known conduction equations. For 

each channel, the conduction thermal resistance is given by [24]: 

 
𝑅𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛− 1 𝑐ℎ𝑎𝑛𝑛𝑒𝑙 =

ln (
2𝑤
𝜋𝐷

𝑠𝑖𝑛ℎ
2𝜋𝑧
𝑤
)

𝑘𝑎𝑙𝑢𝑚2𝜋𝐿
    (𝑓𝑜𝑟 𝑒𝑎𝑐ℎ 𝑐ℎ𝑎𝑛𝑛𝑒𝑙) 

(13) 

with  𝑤 the distance between each channel (m), 𝐷 the channel diameter (m), 𝑧 the distance between the 

heat pipe surface and the channel axis (m), 𝑘𝑎𝑙𝑢𝑚 the thermal conductivity of aluminium (W/m.K), and 

𝐿 the length of a channel (m). The two-phase thermal resistances comprise the falling film boiling 

thermal resistance Rffb, the pool boiling thermal resistance Rpb, and the condensation thermal resistance 

Rc. To estimate those two-phase thermal resistances, the corresponding heat transfer coefficient must be 

predicted as the two-phase thermal resistance R is related to the heat transfer coefficient by: 
 

𝑅 =
1

𝐴ℎ
 (14) 

with A the heat transfer area (m2), and h the two-phase heat transfer coefficient (W/m2K). Many 

correlations have been proposed in the literature for calculating boiling and condensation heat transfer 

coefficients [20], [21]. Each correlation has been developed under different conditions, with various 

working fluids and metal surfaces. As a result, the accuracy of the two-phase correlations varies a lot, 

and it is common practice for researchers to compare the different two-phase correlations with their 

experimental data. In the case of the multi-channel flat heat pipe studied, falling film boiling was not 

present due to the height of the heat source. Hence, only pool boiling and condensation correlations were 

compared. The pool boiling correlations compared are listed in Table 2. 

Table 2: Nucleate pool boiling heat transfer coefficient ℎ𝑛𝑏 correlations 

Authors Year Correlation 

Kruzhilin [25] 1947 
ℎ𝑝𝑏 = 0.082 (

𝑘𝑙
𝐿𝑏
) (

𝑖𝑙𝑣𝑞
"
𝑝𝑏

𝑔𝑇𝑠𝑎𝑡𝑘𝑙

𝜌𝑣
𝜌𝑙 − 𝜌𝑣

)

0.7

(
𝑇𝑠𝑎𝑡𝑐𝑝,𝑙𝜎𝜌𝑙

𝑖𝑙𝑣
2𝜌𝑣

2𝐿𝑏
)

0.33

𝑃𝑟𝑙
−0.45 

where, 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

Rohsenow [22] 1952 
ℎ𝑝𝑏 = (

𝑞"
𝑝𝑏

𝑖𝑙𝑣
)

1−𝑟

[𝜇𝑙 √
𝜎

𝑔(𝜌𝑙 − 𝜌𝑣)
⁄ ]

𝑟

𝑐𝑝,𝑙

𝐶𝑠𝑓
𝑃𝑟𝑙

−𝑠 

where, 

❖ 𝑟 = 1 3⁄  

❖ {
𝑠 = 𝑛 = 1 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟 

𝑠 = 𝑛 = 1.7 𝑓𝑜𝑟 𝑜𝑡ℎ𝑒𝑟 𝑓𝑙𝑢𝑖𝑑𝑠
 

McNelly [26] 1953 
ℎ𝑝𝑏 = 0.225(

𝑞"
𝑝𝑏
𝑐𝑝

𝑖𝑙𝑣
)

0.69

(
𝑃𝑘𝑙
𝜎
)
0.31

(
𝜌𝑙
𝜌𝑣
− 1)

0.33

 

Forster and 

Zuber [27] 

1955 
ℎ𝑝𝑏 =

0.00122 × ∆𝑇𝑠𝑎𝑡
0.24∆𝑃𝑠𝑎𝑡

0.75𝑐𝑝,𝑙
0.45𝜌𝑙

0.49𝑘𝑙
0.79

𝜎0.5𝑖𝑙𝑣
0.24𝜇𝑙

0.29𝜌𝑣
0.24

 

Tien [28] 1962 ℎ𝑝𝑏 = 61.3𝑘𝑙𝑃𝑟𝑙
0.33𝑁𝑎

0.5∆𝑇𝑠𝑎𝑡 

Lienhard [29] 1963 
ℎ𝑝𝑏 = 𝐶𝑘𝑙𝑃𝑟

1 3⁄
√𝜎𝑔(𝜌𝑙 − 𝜌𝑣) 𝜌𝑙

2⁄ |
𝑓𝑙𝑢𝑖𝑑

√𝜎𝑔(𝜌𝑙 − 𝜌𝑣) 𝜌𝑙
2⁄ |
𝑤𝑎𝑡𝑒𝑟

𝑁𝑎
1 3⁄ (∆𝑇𝑠𝑎𝑡)

5 4⁄  

where, 

❖ 𝐶 is an empirical constant 
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Mostinskii [30] 1963 ℎ𝑝𝑏 = 3.596 × 10−5𝑃𝑐𝑟𝑖𝑡
0.69 (𝑞"

𝑝𝑏
)
0.7
𝐹(𝑃∗) 

where, 

❖ 𝐹(𝑃∗) = 1.8𝑃∗0.17 + 4𝑃∗1.2 + 10𝑃∗10 
❖ 𝑃∗ = 𝑃 𝑃𝑐𝑟𝑖𝑡⁄  

Mikic and 

Rohsenow [31] 

1969 ℎ𝑝𝑏 = 2𝑁𝑎𝐷𝑑
2(𝜋𝑘𝑙𝑐𝑝,𝑙𝜌𝑙𝑓𝑑)

1 2⁄
 

To estimate the value of bubble related factors  𝑁𝑎, 𝐷𝑑 and  𝑓𝑑 , authors proposed: 

❖ 𝑁𝑎 = 𝑟𝑠
𝑚 (

𝑖𝑙𝑣𝜌𝑣

2𝑇𝜎
)
𝑚
∆𝑇𝑠𝑎𝑡

𝑚 

❖ 𝐷𝑑 = 𝑎 [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

(
𝜌𝑙𝑐𝑝,𝑙𝑇𝑠𝑎𝑡

𝜌𝑣𝑖𝑙𝑣
)
5 4⁄

 

❖ 𝑓𝑑 =
0.6

𝐷𝑑
[
𝜎𝑔(𝜌𝑙−𝜌𝑣)

𝜌𝑣
2

]
1 4⁄

 

❖ {
𝑎 = 1.5 × 10−4 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

𝑎 = 4.65 × 10−4 𝑓𝑜𝑟 𝑜𝑡ℎ𝑒𝑟 𝑓𝑙𝑢𝑖𝑑𝑠 
 

Danilova [32] 1970 
ℎ𝑝𝑏 = 𝐶 (

𝑅𝑎
𝑅𝑎0

)
0.2

(0.14 + 2.2𝑃∗)𝑞"
𝑝𝑏

0.75
 

where, 

❖ 𝐶 is an empirical constant 

Labuntsov [33] 1973 
ℎ𝑝𝑏 = 0.075 [1 + 10 (

𝜌𝑣
𝜌𝑙 − 𝜌𝑣

)
0.67

] (
𝑘𝑙
2

𝜈𝑙𝜎𝑇𝑠𝑎𝑡
)

0.33

𝑞"
𝑝𝑏

0.67
 

Imura et al. 

[34] 

1979 
ℎ𝑝𝑏 = 0.32(

𝜌𝑙
0.65𝑘𝑙

0.3𝑐𝑝,𝑙
0.7𝑔0.2

𝜌𝑣
0.25𝑖𝑙𝑣

0.4𝜇𝑙
0.1

)(
𝑃𝑣
𝑃𝑎𝑡𝑚

)
0.3

𝑞"
𝑝𝑏

0.4
 

Stephan and 

Preusser [35] 

1979 
ℎ𝑝𝑏 = 0.1 (

𝑘𝑙
𝐷𝑑
)(
𝑞"
𝑝𝑏
𝐷𝑑

𝑘𝑙𝑇𝑠𝑎𝑡
)

0.674

(
𝜌𝑣
𝜌𝑙
)
0.156

(
𝑖𝑙𝑣𝐷𝑑

2

𝛼𝑙
2 )

0.371

(
𝛼𝑙
2𝜌𝑙

𝜎𝐷𝑑
)

0.35

(
𝜇𝑙𝑐𝑝,𝑙

𝑘𝑙
)
−0.162

 

Stephan and 

Abdelsalam 

[36] 

1980 

{
 
 
 
 

 
 
 
 ℎ𝑝𝑏 = 0.246

𝑘𝑙
𝐷𝑑

× 10−7 × 𝑋1
0.673𝑋3

1.26𝑋4
−1.58𝑋8

5.22 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

ℎ𝑝𝑏 = 0.0546
𝑘𝑙
𝐷𝑑

× 𝑋1
0.67𝑋4

0.248𝑋5
1.17𝑋8

−4.33
𝑓𝑜𝑟 ℎ𝑦𝑑𝑟𝑜𝑐𝑎𝑟𝑏𝑜𝑛𝑠

ℎ𝑝𝑏 = 4.82
𝑘𝑙
𝐷𝑑

× 𝑋1
0.624𝑋3

0.374𝑋4
0.329

𝑋5
0.257𝑋7

0.117 𝑓𝑜𝑟 𝑐𝑟𝑦𝑜𝑔𝑒𝑛𝑖𝑐 𝑓𝑙𝑢𝑖𝑑𝑠

ℎ𝑝𝑏 = 207
𝑘𝑙
𝐷𝑑

× 𝑋1
0.745𝑋5

0.581𝑋6
0.533𝑓𝑜𝑟 𝑟𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡𝑠

 

where,  

❖ 𝑋1 = (
𝑞"𝑝𝑏𝐷𝑑

𝑘𝑙𝑇𝑣
) , 𝑋2 = (

𝛼2𝜌𝑙

𝜎𝐷𝑑
) , 𝑋3 = (

𝑐𝑝𝑇𝑣𝐷𝑑
2

𝛼2
) , 𝑋4 = (

𝑖𝑙𝑣𝐷𝑑
2

𝛼2
) 

𝑋5 = (
𝜌𝑣

𝜌𝑙
) , 𝑋6 = (

𝑐𝑝𝜇𝑙

𝑘𝑙
) , 𝑋7 = (

𝜌𝑙,𝑤𝑐𝑝,𝑙,𝑤𝑘𝑙,𝑤

𝜌𝑙𝑐𝑝,𝑙𝑘𝑙
) , 𝑋8 = (

𝜌𝑙−𝜌𝑣

𝜌𝑙
) 

Shiraishi et al. 

[37] 

1981 
ℎ𝑝𝑏 = 0.32 (

𝜌𝑙
0.65𝑘𝑙

0.3𝑐𝑝,𝑙
0.7𝑔0.2

𝜌𝑣
0.25𝑖𝑙𝑣

0.4𝜇𝑙
0.1

)(
𝑃𝑣
𝑃𝑎𝑡𝑚

)
0.23

𝑞"
𝑝𝑏

0.4
 

Bier [38] 1982 ℎ𝑝𝑏 = 3.596 × 10−5𝑃𝑐𝑟𝑖𝑡
0.69 (𝑞"

𝑝𝑏
)
0.7
𝐹(𝑃∗) 

where, 

❖ 𝐹(𝑃∗) = 0.7 + 2𝑃∗ (4 +
1

1−𝑃∗
) 

Nishikawa [39] 1982 
ℎ𝑝𝑏 = 31.4

𝑝𝑐𝑟𝑖𝑡
0.2

𝑀𝑚𝑜𝑙
0.1𝑇𝑐𝑟𝑖𝑡

0.9 (8
𝑅𝑝

𝑅𝑝0
)

0.2(1−𝑃∗)
𝑃∗0.23

(1 − 0.99𝑃∗)0.9
𝑞"
𝑝𝑏

0.8
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Cooper [40] 1984 ℎ𝑝𝑏 = 55(𝑞"
𝑝𝑏
)
0.67

𝑃∗(0.12−0.2 log 𝑅𝑎,𝑝)(− log 𝑃∗)−0.55𝑀𝑚𝑜𝑙
−1 2⁄  

Ueda et al. 

[41] 

1988 
ℎ𝑝𝑏 = 𝐶𝑠𝑓

−1𝑃𝑟𝑙
−1.7 (

𝑐𝑝,𝑙

𝑖𝑙𝑣
𝑞"
𝑝𝑏
) (

𝐿𝑏
𝑖𝑙𝑣𝜇𝑙

𝑞"
𝑝𝑏
)
−1/3

 

where, 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

❖ {

𝐶𝑠𝑓 = 0.0098 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

𝐶𝑠𝑓 = 0.0028 𝑓𝑜𝑟 𝑚𝑒𝑡ℎ𝑎𝑛𝑜𝑙

𝐶𝑠𝑓 = 0.0047 𝑓𝑜𝑟 𝑅 − 113

 

Kutateladze 

[42] 

1990 
ℎ𝑝𝑏 = 0.44𝑃𝑟𝑙

0.35 (
𝑘𝑙
𝐿𝑏
)(

𝜌𝑙
𝜌𝑙 − 𝜌𝑣

𝑃 × 10−4

𝜌𝑣𝑔𝑖𝑙𝑣𝜇𝑙
𝑞"
𝑝𝑏
)

0.7

 

where, 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

Kutateladze 

(new) 

1990 

ℎ𝑝𝑏 = [3.37 × 10−9
𝑘𝑙
𝐿𝑏
(
𝑞"
𝑝𝑏
𝑐𝑝,𝑙

𝑖𝑙𝑣
)

2

𝑀∗
−4]

1
3

 

where, 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

❖ 𝑀∗
−4 =

(𝑃 𝜌𝑣⁄ )2

𝜎𝑔 (𝜌𝑙−𝜌𝑣)⁄
 

Groβ [43] 1990 ℎ𝑝𝑏 = 55𝑞"
𝑝𝑏

0.7
[𝑃∗0.12 ((−𝑙𝑜𝑔10𝑃

∗)0.55√𝑀𝑚𝑜𝑙)⁄ ] 

Gorenflo et 

al.[44] 

1990 ℎ𝑝𝑏 = ℎ𝑜𝐹(𝑃
∗)(𝑞"

𝑝𝑏
𝑞0

"⁄ )𝑛(𝑅𝑎 𝑅𝑎0⁄ )0.133 

where, 

❖ {
𝐹(𝑃∗) = 1.73𝑃∗0.27 + (6.1 +

0.68

1−𝑃∗
)𝑃∗2 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟                                                  

𝐹(𝑃∗) = 1.2𝑃∗0.27 + 2.5𝑃∗ +
𝑃∗

1−𝑃∗
 𝑓𝑜𝑟 𝑎𝑙𝑙 𝑜𝑡ℎ𝑒𝑟 𝑓𝑙𝑢𝑖𝑑𝑠 𝑒𝑥𝑐𝑒𝑝𝑡 𝑙𝑖𝑞𝑢𝑖𝑑 ℎ𝑒𝑙𝑖𝑢𝑚

 

❖ {
𝑛 = 0.9 − 0.3𝑃∗0.15 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

𝑛 = 0.9 − 0.3𝑃∗0.3 𝑓𝑜𝑟 𝑎𝑙𝑙 𝑜𝑡ℎ𝑒𝑟 𝑓𝑙𝑢𝑖𝑑𝑠 𝑒𝑥𝑐𝑒𝑝𝑡 𝑙𝑖𝑞𝑢𝑖𝑑 ℎ𝑒𝑙𝑖𝑢𝑚
 

Kaminaga et 

al. [45] 

1992 ℎ𝑝𝑏 = 22(𝜌𝑣 𝜌𝑙⁄ )0.4𝑅𝑎,𝑝
0.2(1−𝑃∗)ℎ𝑝𝑏,𝐾𝑢𝑡𝑎𝑡𝑒𝑙𝑎𝑑𝑧𝑒 

where, 

ℎ𝑝𝑏,𝐾𝑢𝑡𝑎𝑡𝑒𝑙𝑎𝑑𝑧𝑒 = 0.44𝑃𝑟𝑙
0.35 (

𝑘𝑙
𝐿𝑏
)(

𝜌𝑙
𝜌𝑙 − 𝜌𝑣

𝑃 × 10−4

𝜌𝑣𝑔𝑖𝑙𝑣𝜇𝑙
𝑞"
𝑝𝑏
)

0.7

 

Leiner [46], 

Leiner and 

Gorenflo [47] 

1994 ℎ∗𝑝𝑏 = 𝐴𝐹′(𝑃∗)𝑞∗𝑛𝑅∗0.133 

where, 

❖ ℎ∗𝑝𝑏 =
ℎ𝑝𝑏

𝑃𝑐𝑟𝑖𝑡(𝑅𝑚𝑜𝑙 𝑀𝑚𝑜𝑙𝑇𝑐𝑟𝑖𝑡⁄ )1 2⁄  

❖ 𝑞∗ =
𝑞"𝑝𝑏

𝑃𝑐𝑟𝑖𝑡(𝑅𝑚𝑜𝑙𝑇𝑐𝑟𝑖𝑡 𝑀𝑚𝑜𝑙⁄ )1 2⁄  

❖ 𝑅∗ =
𝑅𝑎

(𝑅𝑚𝑜𝑙𝑇𝑐𝑟𝑖𝑡 𝑃𝑐𝑟𝑖𝑡𝑁𝑚𝑜𝑙⁄ )1 3⁄  

❖ 𝐹′(𝑃∗) = 43000(𝑛−0.75) [1.2𝑃∗0.27 + (2.5 +
1

1−𝑃∗
) 𝑃∗] 

❖ {
𝑛 = 0.9 − 0.3𝑃∗0.15 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

𝑛 = 0.9 − 0.3𝑃∗0.3 𝑓𝑜𝑟 𝑎𝑙𝑙 𝑜𝑡ℎ𝑒𝑟 𝑓𝑙𝑢𝑖𝑑𝑠 𝑒𝑥𝑐𝑒𝑝𝑡 𝑙𝑖𝑞𝑢𝑖𝑑 ℎ𝑒𝑙𝑖𝑢𝑚
 

❖ 𝐴 = 0.6161𝐶0.1512𝐾0.4894 
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❖ 𝐶 =
𝑐𝑝,𝑙|𝑃∗=0.1

𝑅
 

❖ 𝐾 =
𝑇𝑐𝑟𝑖𝑡𝑙𝑛 (𝑃

∗)

(1−𝑇𝑐𝑟𝑖𝑡)
 

Chowdhury et 

al. [48] 

1997 

{
  
 

  
 ℎ𝑝𝑏 = 11.43(𝑅𝑒𝑏)

0.72(𝑃𝑟𝑙)
0.42 (

𝜌𝑣
𝜌𝑙
)
0.5

(
𝐷𝑑
𝐷𝑖
) (

𝑘𝑙
𝐷𝑑
)  𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟

ℎ𝑝𝑏 = 495.7(𝑅𝑒𝑏)
0.8(𝑃𝑟𝑙)

0.5 (
𝜌𝑣
𝜌𝑙
)
0.33

(
𝑘𝑙
𝐷𝑑
)  𝑓𝑜𝑟 𝑒𝑡ℎ𝑎𝑛𝑜𝑙

ℎ𝑝𝑏 = 6(𝑅𝑒𝑏)
0.78(𝑃𝑟𝑙)

0.48 (
𝜌𝑣
𝜌𝑙
)
0.58

(
𝑘𝑙
𝐷𝑑
)  𝑓𝑜𝑟 𝐹𝑟𝑒𝑜𝑛 𝑅 − 113

 

where, 

❖ 𝑅𝑒𝑏 =
𝑞"𝑝𝑏𝐷𝑑

𝜌𝑣𝑖𝑙𝑣𝜈𝑙
 

El-Genk and 

Saber [49] 

1998 ℎ𝑝𝑏 = (1 + 4.95𝜓) × ℎ𝑝𝑏,𝐾𝑢𝑡𝑎𝑡𝑒𝑙𝑎𝑑𝑧𝑒 

where, 

❖ ℎ𝑝𝑏,𝐾𝑢𝑡𝑎𝑡𝑒𝑙𝑎𝑑𝑧𝑒 = 0.44𝑃𝑟𝑙
0.35 (

𝑘𝑙

𝐿𝑏
) (

𝜌𝑙

𝜌𝑙−𝜌𝑣

𝑃×10−4

𝜌𝑣𝑔𝑖𝑙𝑣𝜇𝑙
𝑞"
𝑝𝑏
)
0.7

 

❖ 𝜓 = (
𝜌𝑣

𝜌𝑙
)
0.4
[
𝑃𝑣𝜈𝑙

𝜎
(

𝜌𝑙
2

𝜎𝑔(𝜌𝑙−𝜌𝑣)
)
1 4⁄

]

1 4⁄

 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

Kiatsiriroat et 

al. [50] 

2000 
ℎ𝑝𝑏 = 𝐶 (

𝜇𝑖𝑙𝑣
𝐿𝑏∆𝑇𝑠𝑎𝑡

) (
𝑐𝑝∆𝑇𝑠𝑎𝑡

𝑖𝑙𝑣𝑃𝑟
)

3𝑛

 

where, 

❖ 𝐿𝑏 = [
𝜎

𝑔(𝜌𝑙−𝜌𝑣)
]
1 2⁄

 

❖ {

𝐶 = 18.688 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟
𝐶 = 17.625 𝑓𝑜𝑟 𝑒𝑡ℎ𝑎𝑛𝑜𝑙

𝐶 = 20.565 𝑓𝑜𝑟 𝑡𝑟𝑖𝑒𝑡ℎ𝑦𝑙𝑒𝑛𝑒 𝑔𝑙𝑦𝑐𝑜𝑙 (𝑇𝐸𝐺)
 

❖ {

𝑛 = 0.3572 𝑓𝑜𝑟 𝑤𝑎𝑡𝑒𝑟
𝑛 = 0.3300 𝑓𝑜𝑟 𝑒𝑡ℎ𝑎𝑛𝑜𝑙

𝑛 = 0.3662 𝑓𝑜𝑟 𝑡𝑟𝑖𝑒𝑡ℎ𝑦𝑙𝑒𝑛𝑒 𝑔𝑙𝑦𝑐𝑜𝑙 (𝑇𝐸𝐺)
 

Ribatski and 

Jabardo [51] 

2003 
ℎ𝑝𝑏 = 𝐶 (

𝑅𝑎
𝑅𝑎0

)
0.2

𝑃∗0.45[−log (𝑃∗)]−0.8𝑀𝑚𝑜𝑙
−0.5

𝑞"
𝑝𝑏

𝑛
 

where, 

❖ {

𝐶 = 100 𝑓𝑜𝑟 𝑐𝑜𝑝𝑝𝑒𝑟
𝐶 = 110 𝑓𝑜𝑟 𝑏𝑟𝑎𝑠𝑠

𝐶 = 85 𝑓𝑜𝑟 𝑠𝑡𝑎𝑖𝑛𝑙𝑒𝑠𝑠 𝑠𝑡𝑒𝑒𝑙
 

❖ 𝑛 = 0.9 − 0.3𝑃∗0.2 

 

Regarding the filmwise condensation correlation, the heat transfer coefficient is highly related to the 

thickness of the film and of the turbulence within the falling film. Indeed, a thin and turbulent film will 

present much higher heat transfer potential than a thick and non-turbulent film. Hence, to characterise 

the turbulence of the falling film, as with convective heat transfer, the falling film is characterized by a 

film Reynolds number 𝑅𝑒𝑓,𝐿𝑐: 

 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

=
4

𝜇𝑙

𝑘𝑙(𝑇𝑠𝑎𝑡 − 𝑇𝑤)

𝑖𝑙𝑣𝛿
𝐿𝑐 = ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡

4(𝑇𝑠𝑎𝑡 − 𝑇𝑤)𝐿𝑐
𝜇𝑙𝑖𝑙𝑣

 
(15) 

In the above equation, 𝛤𝐿𝑐 is the mass rate of liquid flow per unit periphery over the condenser length 

(kg/m.s),  𝜇𝑙  is the liquid dynamic viscosity (Pa.s), 𝑘𝑙 the liquid thermal conductivity (W/m.K), 𝑇𝑠𝑎𝑡 
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the saturation temperature (K), 𝑇𝑤 the wall temperature (W), 𝑖𝑙𝑣 the latent heat of vaporization 
(J/kg), 𝛿 the film thickness (m), 𝐿𝑐 the condenser length (m), and ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 the Nusselt [23] heat 

transfer coefficient (W/m2.K). In his work, Nusselt [23] presented a theory relating the heat transfer 

coefficient of film condensation with the thickness of the falling film and this is commonly taken as a 

reference to describe filmwise condensation. Other correlations have also been derived from his theory 

and the current state of the art of filmwise condensation correlations is presented in Table 3. 

Table 3: Filmwise condensation heat transfer coefficient ℎ𝑐 correlations 

 Author Year Correlation 

Laminar falling film (𝑹𝒆𝒇 ≤ 𝟐𝟎 − 𝟑𝟎) and Wavy-laminar falling film (𝟐𝟎 − 𝟑𝟎 ≤ 𝑹𝒆𝒇 ≤ 𝟔𝟎𝟎) 

Nusselt [23] 1916 
ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 = 0.943{

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑖𝑙𝑣𝑔𝑘𝑙
3

𝜇𝑙𝐿𝑐(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
}

1 4⁄

 

McAdams [52] 1942 
ℎ𝑐 = 1.13{

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑖𝑙𝑣𝑔𝑘𝑙
3

𝜇𝑙𝐿𝑐(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
}

1 4⁄

 

Nusselt [23] 

corrected by 

Rohsenow [53] 

1956 
ℎ𝑐 = 0.943{

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑖𝑙𝑣
′𝑔𝑘𝑙

3

𝜇𝑙𝐿𝑐(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
}

1 4⁄

 

where, 

❖ Correction for a subcooled condensate: 

𝑖𝑙𝑣
′ = 𝑖𝑙𝑣 +

3
8⁄ 𝑐𝑝𝑙(𝑇𝑠𝑎𝑡 − 𝑇𝑤) 

❖ Correction for a non-linear temperature distribution: 

𝑖𝑙𝑣
′ = 𝑖𝑙𝑣 + 0.68𝑐𝑝𝑙(𝑇𝑠𝑎𝑡 − 𝑇𝑤) 

❖ Correction for a shear-stress dominating flow, linear temperature distribution and 

potential subcooling of the condensate: 

𝑖𝑙𝑣
′ = 𝑖𝑙𝑣 +

1
3⁄ 𝑐𝑝𝑙(𝑇𝑠𝑎𝑡 − 𝑇𝑤) 

❖ Correction in the case where both gravity and shear stress are significant: 

ℎ𝑐 = (ℎ𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑖𝑜𝑛:𝑛𝑜𝑛−𝑙𝑖𝑛𝑒𝑎𝑟 𝑡𝑒𝑚𝑝𝑒𝑟𝑎𝑡𝑢𝑟𝑒
2 + ℎ𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑖𝑜𝑛:𝑠ℎ𝑒𝑎𝑟𝑠𝑡𝑟𝑒𝑠𝑠

2)
1 2⁄

 

Rohsenow [53] 1956 
ℎ𝑐 = 1.51 (

𝑃𝑣
𝑃𝑐𝑟𝑖𝑡

)
0.14

× 0.943{
𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔𝑘𝑙

3

𝜇𝑙𝐿𝑐(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
[𝑖𝑙𝑣 +

3
8⁄ 𝑐𝑝𝑙(𝑇𝑠𝑎𝑡 − 𝑇𝑤)]}

1 4⁄

 

 

where the fluid properties should be evaluated at a temperature: 

𝑇 = 𝑇𝑊 + 0.31(𝑇𝑠𝑎𝑡 − 𝑇𝑤) 

Kutateladze 

(old) [54] 

1963 ℎ𝑐 = 0.69𝑅𝑒𝑓,𝐿𝑐
0.11 × ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Kutateladze 

(new) [54] 

1963 
ℎ𝑐 =

𝑅𝑒𝑓,𝐿𝑐 4⁄

1.47(𝑅𝑒𝑓,𝐿𝑐 4⁄ )
1.22

− 1.3
𝑘𝑙 (

𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Butterworth 

[55] 

1981 
ℎ𝑐 = 1.013𝑅𝑒𝑓,𝐿𝑐

−0.22𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Wang and Ma 

[56] 

1991 
ℎ𝑐 = (

𝐿𝑐
𝑟𝑖
)

cos (𝛽)
4

[0.54 + (5.68 × 10−3𝛽)]ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 
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❖ 𝛽: Inclination angle of the thermosyphon (°) 

❖ 𝐿𝑐: Condenser length (m) 

❖ 𝑟𝑖: Internal radius of the thermosyphon (m) 

Gross [57] 1998 
ℎ𝑐 = ((0.925𝑓𝑑𝑅𝑒𝑓,𝑚𝑎𝑥

−1 3⁄ )
2
+ (0.044𝑃𝑟𝑙

2 5⁄ 𝑅𝑒𝑓,𝑚𝑎𝑥
1 6⁄ )

2
)
1 2⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑓𝑑 = (1 − 0.63(𝑃𝑣 𝑃𝑐𝑟𝑖𝑡⁄ )3.3)−1 

❖ 𝑅𝑒𝑓,𝑚𝑎𝑥 = 𝑅𝑒𝑓 =
𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
 

Schnabel and 

Palen [58] 

1998 
ℎ𝑐 = 0.693(

1 − 𝜌𝑣 𝜌𝑙⁄

𝑅𝑒𝑓 4⁄
)

1 3⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓 = 4𝛤 𝜇𝑙⁄  

Hussein et al. 

[59] 

2001 
ℎ𝑐 = (

𝐿𝑐
𝐷𝑖
)

1
4
(cos (𝛽))0.358

[0.997 − 0.334(cos (𝛽))0.108]ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝛽: Inclination angle of the thermosyphon (°) 

❖ 𝐿𝑐: Condenser length (m) 

❖ 𝐷𝑖: Internal diameter of the thermosyphon (m) 

Fiedler and 

Auracher [60] 

2004 
ℎ𝑐 = (

𝐿𝑐
𝑟𝑖
)
cos (𝛽 4⁄ )

[0.125 + (1.46 × 10−2𝛽) − (7.27 × 10−5𝛽2)]ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝛽: Inclination angle of the thermosyphon (°) 

❖ 𝐿𝑐: Condenser length (m) 

❖ 𝑟𝑖: Internal radius of the thermosyphon (m) 
Wavy falling film (𝟔𝟎𝟎 ≤ 𝑹𝒆𝒇 ≤ 𝟏𝟔𝟎𝟎) 

Kutateladze 

(old) [54] 

1963 ℎ𝑐 = 0.69𝑅𝑒𝑓,𝐿𝑐
0.11 × ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Kutateladze 

(new) [54] 

1963 
ℎ𝑐 =

𝑅𝑒𝑓,𝐿𝑐 4⁄

1.47(𝑅𝑒𝑓,𝐿𝑐 4⁄ )
1.22

− 1.3
𝑘𝑙 (

𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Butterworth 

[55] 

1981 
ℎ𝑐 = 1.013𝑅𝑒𝑓,𝐿𝑐

−0.22𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Uehara et al. 

[61] 

1983 
ℎ𝑐 = 1.013𝑅𝑒𝑓,𝛽

−1 3⁄ 𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝜑 =
𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
× 𝑓𝛽 

❖ {
𝑓𝛽 = 1 𝑓𝑜𝑟 𝑣𝑒𝑟𝑡𝑖𝑐𝑎𝑙 𝑡𝑢𝑏𝑒

𝑓𝛽 = 2.87 (
𝐷𝑖

𝐿𝑐𝑠𝑖𝑛 (𝛽)
)  𝑓𝑜𝑟 𝑖𝑛𝑐𝑙𝑖𝑛𝑒𝑑 𝑡𝑢𝑏𝑒 𝑤𝑖𝑡ℎ 10° < 𝛽 

 

Chun and Kim 

[62] 

1991 ℎ𝑐 = [1.33𝑅𝑒𝑓,𝐿𝑐
−1 3⁄ + 9.56 × 10−6𝑅𝑒𝑓,𝐿𝑐

0.89𝑃𝑟𝑙
0.94

+ 8.22 × 10−2]𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Gross [57] 1992 
ℎ𝑐 = ((0.925𝑓𝑑𝑅𝑒𝑓,𝑚𝑎𝑥

−1 3⁄ )
2
+ (0.044𝑃𝑟𝑙

2 5⁄ 𝑅𝑒𝑓,𝑚𝑎𝑥
1 6⁄ )

2
)
1 2⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑓𝑑 = (1 − 0.63(𝑃𝑣 𝑃𝑐𝑟𝑖𝑡⁄ )3.3)−1 
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❖ 𝑅𝑒𝑓,𝑚𝑎𝑥 = 𝑅𝑒𝑓 =
𝑞

𝜋𝐷𝑖𝑙𝑣𝜇𝑙
 

Nozhat [63] 1995 ℎ𝑐 = 0.87𝑅𝑒𝑓,𝐿𝑐
0.07 × ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Schnabel and 

Palen  [58] 

1998 ℎ𝑐 = (ℎ𝑙𝑎𝑚𝑖𝑛𝑎𝑟
2 + ℎ𝑡𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑡

2)
1 2⁄

 

ℎ𝑙𝑎𝑚𝑖𝑛𝑎𝑟 = 0.693(
1 − 𝜌𝑣 𝜌𝑙⁄

𝑅𝑒𝑓 4⁄
)

1 3⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

ℎ𝑡𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑡 =
0.0283(𝑅𝑒𝑓 4⁄ )

7 24⁄
𝑃𝑟𝑙

1 3⁄

1 + 9.66(𝑅𝑒𝑓 4⁄ )
−3 8⁄

𝑃𝑟𝑙
−1 6⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓 = 4𝛤 𝜇𝑙⁄  

Hashimoto and 

Kaminaga [64] 

2002 ℎ𝑐 = 0.85𝑅𝑒𝑓
0.1𝑒𝑥𝑝 (−6.7 × 10−5

𝜌𝑙
𝜌𝑣
− 0.6) ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡  

where, 

❖ 𝑅𝑒𝑓 = 4𝛤 𝜇𝑙⁄  

Jouhara and 

Robinson [65] 

2010 ℎ𝑐 = 0.85𝑅𝑒𝑓
0.1𝑒𝑥𝑝 (−6.7 × 10−5

𝜌𝑙
𝜌𝑣
− 0.14)ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝑅𝑒𝑓 =
4𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
 

Turbulent falling film (𝟏𝟔𝟎𝟎 ≤ 𝑹𝒆𝒇 ≤ 𝟑𝟐𝟎𝟎) and Highly turbulent falling film (𝟑𝟐𝟎𝟎 ≤ 𝑹𝒆𝒇) 

Labuntsov [66] 1957 
ℎ𝑐 = 0.0306𝑅𝑒𝑓,𝐿𝑐

1 4⁄ 𝑃𝑟𝑙
1 2⁄ 𝑘𝑙 (

𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Uehara et al. 

[61] 

1983 
ℎ𝑐 = 0.044𝑃𝑟𝑙

2 5⁄ 𝑅𝑒𝑓,𝛽
1 6⁄ 𝑘𝑙 (

𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝜑 =
𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
× 𝑓𝛽 

❖ {
𝑓𝛽 = 1 𝑓𝑜𝑟 𝑣𝑒𝑟𝑡𝑖𝑐𝑎𝑙 𝑡𝑢𝑏𝑒

𝑓𝛽 = 2.87 (
𝐷𝑖

𝐿𝑐𝑠𝑖𝑛 (𝛽)
)  𝑓𝑜𝑟 𝑖𝑛𝑐𝑙𝑖𝑛𝑒𝑑 𝑡𝑢𝑏𝑒 𝑤𝑖𝑡ℎ 10° < 𝛽 

 

Chun and Kim 

[62] 

1991 ℎ𝑐 = [1.33𝑅𝑒𝑓,𝐿𝑐
−1 3⁄ + 9.56 × 10−6𝑅𝑒𝑓,𝐿𝑐

0.89𝑃𝑟𝑙
0.94

+ 8.22 × 10−2]𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑅𝑒𝑓,𝐿𝑐 =
4𝛤𝐿𝑐
𝜇𝑙

 

Gross [57] 1992 
ℎ𝑐 = ((0.925𝑓𝑑𝑅𝑒𝑓,𝑚𝑎𝑥

−1 3⁄ )
2
+ (0.044𝑃𝑟𝑙

2 5⁄ 𝑅𝑒𝑓,𝑚𝑎𝑥
1 6⁄ )

2
)
1 2⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

where, 

❖ 𝑓𝑑 = (1 − 0.63(𝑃𝑣 𝑃𝑐𝑟𝑖𝑡⁄ )3.3)−1 

❖ 𝑅𝑒𝑓,𝑚𝑎𝑥 = 𝑅𝑒𝑓 =
𝑞

𝜋𝐷𝑖𝑙𝑣𝜇𝑙
 

Schnabel and 

Palen  [58] 

1998 
ℎ𝑐 =

0.0283(𝑅𝑒𝑓 4⁄ )
7 24⁄

𝑃𝑟𝑙
1 3⁄

1 + 9.66(𝑅𝑒𝑓 4⁄ )
−3 8⁄

𝑃𝑟𝑙
−1 6⁄

𝑘𝑙 (
𝜇𝑙
2

𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔
)

−1 3⁄

 

 

where, 

❖ 𝑅𝑒𝑓 = 4𝛤 𝜇𝑙⁄  

Hashimoto and 

Kaminaga [64] 

2002 ℎ𝑐 = 0.85𝑅𝑒𝑓
0.1𝑒𝑥𝑝 (−6.7 × 10−5

𝜌𝑙
𝜌𝑣
− 0.6) ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡  

where, 

❖ 𝑅𝑒𝑓 =
4𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
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Jouhara and 

Robinson [65] 

2010 ℎ𝑐 = 0.85𝑅𝑒𝑓
0.1𝑒𝑥𝑝 (−6.7 × 10−5

𝜌𝑙
𝜌𝑣
− 0.14)ℎ𝑁𝑢𝑠𝑠𝑒𝑙𝑡 

where, 

❖ 𝑅𝑒𝑓 =
4𝑞

𝜋𝐷𝑖𝑖𝑙𝑣𝜇𝑙
 

 

In order to compare the different pool boiling and condensation correlations and select the most suitable 

ones, each correlation was compared with the experimental data by considering an overall boiling and 

condensation heat transfer coefficient. Over the whole range of heat transfer rates (0-1500W), the 

average error of the pool boiling and condensation heat transfer coefficient correlation when compared 

with the experimental heat transfer coefficient is presented in Figure 7. 

 

Figure 7. Average error of the pool boiling and condensation correlations 

 

Based on the experimental heat transfer coefficient measured, the best performing pool boiling 

correlations were found to be the correlation by Rohsenow [22] with an average error of 12.8% and the 

correlation by Stephan and Preusser [35] with an average error of 12.7%. Other correlations such as the 

correlations by El-Genk and Saber [49], Stephan and Abdelsalam [36], and Gorenflo et al. [44] also 

performed well but showed a lower accuracy on average. As for condensation, the correlation by 

Hussein et al. [59] clearly stands out. For the overall range of heat transfer rate, the average error of this 

correlation was found to be 15.1%. Hence, the correlations by Rohsenow [22] and Hussein et al. [59] 

were selected for integration in the proposed multi-channel flat heat pipe thermal resistance model. 
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An iterative model was built using Excel with macros and VBA coding based on the multi-channel heat 

pipe thermal resistance network proposed and the two-phase heat transfer coefficient correlations 

selected. In this model, iterations are conducted for two purposes. At first, iterations are needed to 

calculate the boiling and condensation thermal resistances that depend on the wall temperatures. Second, 

the temperature of the heat pipe evaporator and of all the temperatures in the heat pipe are adjusted by 

the model until an energy balance is reached. This energy balance relates the heat transfer rate measured 

through the system to the heat transfer rate that can be extracted by the cooling manifold. According to 

the first law of thermodynamics, the energy that passes through the system and recovered by the cooling 

water circulating inside the cooling manifold is given by:  

 
�̇�𝑝𝑟𝑜𝑣𝑖𝑑𝑒𝑑 = �̇�𝑤𝑎𝑡𝑒𝑟𝑐𝑝,𝑤𝑎𝑡𝑒𝑟∆𝑇𝑤𝑎𝑡𝑒𝑟  

(16) 

where �̇� is the heat transfer rate through the system (W), �̇�𝑤𝑎𝑡𝑒𝑟 is the water flow rate in the cooling 

manifold (kg/s), 𝑐𝑝,𝑤𝑎𝑡𝑒𝑟 is the specific heat of water (J/kg.K), and ∆𝑇𝑤𝑎𝑡𝑒𝑟 is the temperature difference 

in the water flow (K). When estimating the temperatures of the system, the iterative tool adjusts the 

evaporator temperature of the multi-channel heat pipe and, based on the thermal resistance network 

proposed, calculates the temperature everywhere in the system. In so doing, the surface temperature in 

contact with the manifold is predicted and the energy extracted from this surface by the cooling manifold 

is obtained from: 

 �̇�𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 =
1

𝑅 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑
×

𝑇𝑤𝑎𝑡𝑒𝑟−𝑖𝑛 − 𝑇𝑤𝑎𝑡𝑒𝑟−𝑜𝑢𝑡
𝑙𝑛((𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟−𝑜𝑢𝑡) (𝑇𝑠 − 𝑇𝑤𝑎𝑡𝑒𝑟−𝑖𝑛)⁄ )

 
(17) 

where �̇�𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 is the calculated heat transfer rate at each iteration based on the system temperature 

(W), 𝑅 𝑚𝑎𝑛𝑖𝑓𝑜𝑙𝑑  is the cooling manifold thermal resistance (K/W), 𝑇𝑤𝑎𝑡𝑒𝑟−𝑖𝑛 and 𝑇𝑤𝑎𝑡𝑒𝑟−𝑜𝑢𝑡 are the 

water inlet and outlet temperatures (K), and 𝑇𝑠 is the surface temperature of the heat pipe in contact with 

the cooling manifold (K). The model changes the evaporator temperature of the flat heat pipe using the 

log mean temperature difference equation described in Eq. (17), until the temperature at the heat pipe 

and cooling manifold interface permits the target heat transfer rate to be extracted. The iterations stop 

when the following criterion is reached (within 0.1%): 

 
�̇�𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 = �̇�𝑝𝑟𝑜𝑣𝑖𝑑𝑒𝑑  

(18) 

7. RESULTS 

7.1. Impact of the heat transfer rate on the thermal performance of the multi-channel 

flat heat pipe and theoretical model validation 

 

In this section, the multi-channel flat heat pipe is kept in a vertical position and the heat transfer rate is 

varied in the range 0-1500 W. The experimental heat transfer rate is taken as the heat dissipated by the 

water flow which is equal to the heat provided by the heat source minus small thermal losses (around 

10-20W). Error! Reference source not found. presents the impact of the heat transfer rate on the 

boiling thermal resistance of the multi-channel flat heat pipe. In Error! Reference source not found., 

the black circles represent the experimental data whereas the theoretical predictions from the multi-

channel model are shown with red crosses.  
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Figure 8. Pool boiling thermal resistance prediction 

At heat transfer rates in the range 0-1500W, the boiling thermal resistance keeps decreasing. At heat 

transfer rates lower than 400W, it is noted that the boiling thermal resistance of the multi-channel flat 

heat pipe is significantly higher due to a moderated boiling activity. In this range of heat transfer rates, 

the boiling regime mainly belongs to the natural convection boiling regime [20] which produces less 

turbulent boiling activity and thus a slightly lower heat transfer coefficient. With an increase of the heat 

transfer rate, the boiling activity increases which leads to a better mixing in the liquid pool and results 

in a rapid increase in the pool boiling heat transfer coefficient. As a result, the experimental pool boiling 

thermal resistance decreases from 0.005 K/W at 100W to 0.0025 K/W at 400W. At heat transfer rates 

higher than 400W, the boiling thermal resistance of the multi-channel flat heat pipe decreases with a 

linear trend. At a maximum heat transfer rate of 1500W, the boiling thermal resistance of the heat pipe 

is at a minimum and down to 0.001 K/W. 

Concerning the model prediction of the boiling thermal resistance of the multi-channel flat heat pipe, 

the theoretical boiling thermal resistance is higher than the experimental data at low heat transfer rates 

and the prediction is less accurate. With an increase of the heat transfer rate, the error made by the 

theoretical model decreases and, from a heat transfer rate of 400W, the pool boiling resistance prediction 
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error is lower than 30%. The accuracy of the proposed model regarding the boiling thermal resistance 

of the multi-channel flat heat pipe becomes very high at high heat transfer rates and, from a heat transfer 

rate of 700W, the error made by the theoretical model is lower than 10%. On the overall heat transfer 

range, the average error made by the proposed multi-channel flat heat pipe model on the pool boiling 

resistance prediction is 17.2%. 

 

Figure 9 presents the impact of the heat transfer rate on the condensation thermal resistance of the multi-

channel flat heat pipe. 

 

Figure 9. Condensation thermal resistance prediction 

As for the condensation, it is observed that the condensation thermal resistance first decreases at low 

heat transfer rates and then progressively increases. This evolution is linked to the increase of the 

condensate thickness due to a higher mass transfer rate at higher heat transfer rates. At low heat transfer 

rates, the increase of the condensation thermal resistance is expected to be caused by the start-up of the 

heat pipe, and this phenomenon is not predicted by the theoretical model. From 100W to 400W, the 

condensation thermal resistance of the heat pipe decreases from 0.0017 K/W to 0.001 K/W. With the 
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increase of the condensate film thickness, the thermal resistance increases from 0.001 K/W at 400W to 

almost 0.002 K/W at 1500W.  

With the observed increased condensation thermal resistance of the multi-channel flat heat pipe at low 

heat transfer rates, at 100W, the prediction error is at a maximum due to an over prediction of the heat 

transfer coefficient. However, from 200W, the model predicts the condensation thermal resistance of 

the multi-channel heat pipe within a 30% error. While the model underpredicts the condensation thermal 

resistance before 400W, it tends to slightly overestimate this value beyond 400W. At 400W, the 

prediction curve crosses the experimental curve which leads to errors close to 0%. At high heat transfer 

rates, it is again observed that the multi-channel model proposed becomes more accurate. On the overall 

range of heat transfer rates studied, the agreement between the model and the condensation experimental 

data leads to an average error of 14.4%.  

The predicted errors made on the total multi-channel flat heat pipe at heat transfer rates in the range 0-

1500W are presented in Figure 10. 

 
Figure 10. Total multi-channel flat heat pipe thermal resistance prediction 
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Due to the transition from natural convection boiling to the fully developed nucleate boiling regime, the 

thermal resistance of the multi-channel flat heat pipe is higher at low heat transfer rates and decreases 

from 0.007 K/W at 100W to 0.0035 K/W at 400W. At higher heat transfer rates, the thermal resistance 

of the multi-channel flat heat pipe stabilizes at around 0.003 K/W. This is due to two phenomena 

compensating: on the one side, the boiling thermal resistance decreases progressively with the increase 

in boiling activity whereas, on the other side, the condensation thermal resistance increases with the 

increase in the film condensate thickness.  

It is observed that the multi-channel heat pipe model tends to over-predict the thermal resistance of the 

multi-channel flat heat pipe. With an increase of the heat transfer rate, the accuracy of the model is 

improved. Overall, an average error of 13.1% for the proposed multi-channel flat heat pipe is reached. 

 

To bring some perspective about the theoretical model proposed, a comparison with existing models of 

multi-channel heat pipes is relevant. As previously introduced, only two models available in the 

literature are reported to predict the thermal performance of a multi-channel heat pipe and were 

developed by Almahmoud and Jouhara [15], [16] and Delpech et al. [17]. Those two existing models 

are similar than the presented model in terms of calculation process and their complexities are close. 

Almahmoud and Jouhara [15], [16] and Delpech et al. [17] used radiation as a heat source which made 

the radiation model more complex than the current model where electric heaters were used. However, 

the heat pipe model itself is close to the current model and uses iterations to determine each thermal 

resistance of the heat pipe thermal resistance network. As a novelty, the proposed model considers 

different thermal resistances for each parallel channel and for both top and collectors whereas 

Almahmoud and Jouhara [15], [16] and Delpech et al. [17] considered only one thermal resistance for 

boiling and condensation with an equivalent heat transfer area. In terms of prediction accuracy, for heat 

transfer rates between 4500W and 8500W, Almahmoud and Jouhara [15], [16] predicted the heat 

transfer rate with 14.3% of error and the heat pipe temperatures were predicted within 3°C. Delpech et 

al. [17] have reached a better accuracy and predicted the heat transfer rate within 7.5% but at heat 

transfer rates in the range 470W-2435W. Unfortunately, the heat pipe thermal resistance prediction 

accuracy wasn’t clearly reported but the boiling and condensation resistances were predicted within 

±25%. As a comparison, the proposed model didn’t focus on the heat transfer rate prediction but instead 

predicted the boiling and condensation thermal resistances inside the heat pipe at a given heat transfer 

rate. In a range 100W-1500W, the average error on the boiling and condensation thermal resistances 

prediction is 17.2% and 14.4%. It seems that the prediction accuracy for the boiling and condensation 

thermal resistances of the current model is comparable to that of Delpech et al. [17] and seems to be 

highly related to the two-phase correlations used. 

 

7.2.Impact of the tilt angle on the thermal performance of the multi-channel flat heat 

pipe  

In this section, the tilt angle of the heat pipe was changed and its impact on the thermal resistances of 

the multi-channel flat heat pipe is studied. The different tilt angles investigated are 90° (vertical), 45°, 

20°, 10°, 5°, and 2°. During the experiments, it was observed that the impact of the tilt angle varied with 

the heat transfer rate. The heat transfer rate was again varied from 100W to 1500W. Figure 11 presents 

the impact of the tilt angle on the boiling thermal resistance of the multi-channel flat heat pipe at various 

heat transfer rates. 
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Figure 11. Impact of the tilt angle on the multi-channel flat heat pipe boiling thermal resistance 

In Figure 11, each heat transfer rate at which the impact of the tilt angle is investigated is represented 

by a single curve with a different colour. One can observe that the impact of the tilt angle on the boiling 

thermal resistance of the multi-channel flat heat pipe differs significantly with the heat transfer rate. At 

low heat transfer rates, large variations are observed whereas the impact of the tilt angle becomes less 

significant at high heat transfer rates. At 100W, the boiling thermal resistance varies by 0.0046 K/W 

whereas it varies only by 0.0002 K/W at 1500W when changing the tilt angle. At heat transfer rates of 

100W and 200W, the measured boiling thermal resistance of the heat pipe is at a minimum at angles 

close to the horizontal (2°) and increases when the heat pipe is rotated to a vertical position. The trend 

is similar to a logarithm function with a fast increase of the boiling thermal resistance at low tilt angles 

which progressively stabilizes up to the vertical position. With an increase of the heat transfer rate and 

of the boiling activity, the impact of the tilt angle reduces rapidly. Hence, it seems that the tilt angle of 

the heat pipe has a significant impact during the natural convection boiling regime. From a heat transfer 

rate of 300W, the boiling thermal resistance of the multi-channel flat heat pipe remains fairly similar at 

tilt angles higher than 20°. Interestingly, at tilt angles lower than 10°, small variations of the boiling 

thermal resistance are observed. At heat transfer rates in the range 300W-700W, when decreasing the 

tilt angle from 10° to 2°, the boiling thermal resistance decreases slightly by 0.0001 K/W. The opposite 

phenomenon is observed at heat transfer rates in the range 800W-1500W where the thermal resistance 

increases slightly by 0.0002 K/W at the same tilt angles. With tilt angles very close to the horizontal, it 
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is concluded that the increase of the pool boiling heat transfer area leads to a similar boiling pattern at 

the bottom of the channels, independent of the heat transfer rate. At higher tilt angles, the impact on the 

boiling thermal resistance depends on the heat transfer rate and boiling activity. The higher the heat 

transfer rate and boiling activity, the smaller the impact of the tilt angle on the boiling thermal resistance 

of the multi-channel flat heat pipe.  

 

Figure 12 studies the impact of the tilt angle on the condensation thermal resistance. 

 

Figure 12. Impact of the tilt angle on the multi-channel flat heat pipe condensation thermal resistance 

In contrast with the impact of the tilt angle on the boiling thermal resistance, the condensation thermal 

resistance of the multi-channel flat heat pipe is more affected, when increasing the heat transfer rate. 

Due to experimental inaccuracies, the curve for a heat transfer rate of 100W shows a significant 

discontinuity and it is considered inaccurate. Hence, to characterize the impact of the tilt angle on the 

condensation thermal resistance at low heat transfer rates, the evolutions at 200W and 300W are given 

greater weight. At low heat transfer rates in the range 100W-300W, the condensation thermal resistance 

mainly varies at tilt angles less than 10°. A small increase in the condensation thermal resistance is 

observed, when getting close to the horizontal position. Only a very small increase in the condensation 

thermal resistance can be seen from a tilt angle of 10° to 90°. With an increase in the heat transfer rate, 

the impact of the tilt angle on the condensation thermal resistance can be detected at higher tilt angles. 
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Indeed, at heat transfer rates from 400W to 800W, an increase in the condensation thermal resistance is 

detected once the angle is reduced below 20°. Furthermore, this increase becomes larger, and the 

condensation thermal resistance of the multi-channel flat heat pipe evolves by 0.0008 K/W at 800W, 

whereas it was only increasing by 0.0003 K/W at 200W. At large heat transfer rates in the range 900W-

1500W, the condensation thermal resistance of the multi-channel flat heat pipe increases when the tilt 

angle decreases below 45°. This variation is at a maximum at 1500W where, between a tilt angle of 90° 

and 2°, the condensation thermal resistance of the heat pipe increases from 0.0018 K/W to 0.0038 K/W.  

 

The heat pipe temperatures were studied in order to explain the observed increase in the condensation 

thermal resistance at low tilt angles. It was observed that this increase is mainly due to a lower 

temperature at the condenser, whereas the adiabatic temperature remained unchanged. A potential 

hypothesis for this phenomenon can be the difficulty of the vapour to rise to the condenser, a more 

important rising vapour/falling liquid film interaction would reduce the vapour passage in the channels, 

or the difficult formation of a falling film on the top surface of the heat pipe, which would tend to fall 

on the bottom surface only.  

 

In order to study the impact of the tilt angle on the total thermal resistance of the multi-channel flat heat 

pipe, the analysis has been divided into three graphs for low, medium, and high heat transfer rates for 

the sake of clarity, as presented in Figure 13. 
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Figure 13. Impact of the tilt angle on the multi-channel flat heat pipe total thermal resistance for low, medium, and high heat 

transfer rates. 

At low heat transfer rates, changing the tilt angle of the multi-channel flat heat pipe has a significant 

impact on the boiling thermal resistance but a very small impact on the condensation thermal resistance. 

Hence, at heat transfer rates of 100W and 200W, the total thermal resistance of the heat pipe is at a 

minimum near the horizontal position and at a maximum in a vertical position. The increase in the total 
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thermal resistance of the heat pipe with the angle at low heat transfer rates is related to the low boiling 

activity and the important impact of the tilt angle on the natural convection boiling regime. With an 

increase in the heat transfer rate, this impact reduces as the boiling transits to a fully developed nucleate 

pool boiling regime. Then, from a heat transfer rate of 400W, the increase in the thermal resistance of 

the heat pipe due to the boiling thermal resistance becomes insignificant. However, at low tilt angles, 

the increase of the condensation thermal resistance impacts the total thermal resistance of the multi-

channel heat pipe. At medium heat transfer rates in the range 500W-800W, the total thermal resistance 

of the heat pipe is relatively small and occurs at tilt angles lower than 10° only. However, at higher heat 

transfer rates, an increase in the total thermal resistance of the multi-channel flat heat pipe is observed 

at tilt angles lower than 20°. For instance, at a heat transfer rate of 1500W, the total thermal resistance 

of the heat pipe increases by 0.002 K/W below 20°, which represents an increase of 66% compared to 

the vertical position. 

7.3. Infrared imaging of the multi-channel flat heat pipe surface 

Infrared imaging of the flat heat pipe surface has been conducted using infrared camera FLIR C2 in 

order to verify the uniform temperature distribution of the multi-channel flat heat pipe. The heat transfer 

rate was set to a value of 1000W and the cooling water flow rate to 3L/min which allows significant 

temperature differences inside the flat heat pipe system to make the observation easier. The accuracy of 

the temperature measurements from the infrared imaging has been compared with thermocouple’s 

measurements and it was concluded that the accuracy of the infrared imaging temperature is comparable 

to the accuracy from thermocouples. Indeed, the infrared imaging accuracy was sufficient to detect 

colder zones on the condenser that were also detected by thermocouples. The emissivity setting was 

automatically adjusted by the infrared camera. The heat pipe surfaces were covered with masking tape 

to prevent reflection from the aluminium. Figure 14 presents the infrared imaging of the front and back 

heat pipe surfaces. 

 

Figure 14. Infrared imaging of the multi-channel flat heat pipe surface with cooling manifold at the top 

The left-hand side of Figure 14 presents the front surface of the multi-channel flat heat pipe with the 

adiabatic section and the cooling manifold at the top. As the silicon heaters were placed on the front 
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surface and showed a high temperature, those were kept insulated to allow the observation of the heat 

pipe surface. From the front heat pipe surface, it is observed that the adiabatic section of the multi-

channel flat heat pipe presents a uniform temperature. However, due to the presence of the heaters and 

cooling manifold on the front surface of the heat pipe, the evaporator and condenser sections can only 

be observed from the back surface of the heat pipe. On the cooling manifold surface, a temperature 

gradient corresponding to the warmup of the cooling water is observed with cold water at the top of the 

manifold and warm water at the bottom. A higher temperature zone in the middle of the cooling manifold 

is identified and this is discussed later. Regarding the back surface of the multi-channel flat heat pipe, 

vertical cold lines can be observed, and these correspond to the supports of the heat pipe which are 

inactive metal plates. At the bottom of the back heat pipe surface, the evaporator section can be 

visualized. From the infrared imaging, the temperature distribution of the evaporator section is verified, 

and no hot spot can be identified. A similar conclusion can be made on the adiabatic section which 

presents a uniform temperature slightly lower than that of the evaporator. At the top of the back surface, 

the condenser section presents an interesting gradient. Indeed, over the whole cooling manifold surface 

where the heat is extracted, a cold circle can be visualized at the centre of the condenser and this indicates 

that more heat is extracted in this zone. After further investigations presented later in the manuscript, it 

was discovered that this cold spot was created by a better contact between the heat pipe and cooling 

manifold due to the local adherence of the thermal paste. 

From Figure 14, it was observed that, when the cooling manifold is placed on the top of the multi-

channel flat heat pipe, the temperature distribution is uniform. Indeed, due to the direction of the vertical 

channels, the thermal energy can be easily transported from bottom to top. However, one can wonder if 

the multi-channel flat heat pipe is also capable of evenly spreading the energy in a direction 

perpendicular to the channel’s direction. To investigate this aspect, a second experiment was made while 

the cooling manifold was placed on the side of the heat pipe surface. As such, the capacity of the heat 

pipe to transfer the heat to a heat sink situated on the right side is investigated, and the back heat pipe 

surface observed is shown in Figure 15. 

 

Figure 15. Infrared imaging of the multi-channel flat heat pipe surface with cooling manifold on the right side 

When the cooling manifold is placed on the side of the multi-channel flat heat pipe, the infrared imaging 

reveals that the evaporator and condenser sections remain completely uniform. Regardless of the 
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proximity with the cooling manifold, the right side of the evaporator presents a similar temperature to 

the left side. As for the adiabatic section, it can be seen that no accumulation of heat is observed on the 

top-left corner of the heat pipe. For those two reasons, it is confirmed that the multi-channel internal 

structure of the heat pipe allows the heat transfer to occur in both vertical and horizontal axes. In 

addition, such heat transfer rate takes place while maintaining a constant temperature of the sections. 

On the condenser section, as was observed when the cooling manifold was placed on the top, a cold spot 

can be identified, and the temperature profile is not uniform. In the case where the cooling manifold was 

placed on the right, the cold spot is situated in the centre and bottom of the cooling manifold. When the 

cooling manifold was removed from flat heat pipe surface, despite the fact that the manifold was 

completely covered by thermal paste, it was observed that the thermal paste had a better adherence with 

the heat pipe surface at some locations. Interestingly, the traces of thermal paste that remained on the 

heat pipe surface were compared with the infrared imaging. This is presented in Figure 16. 

 

Figure 16. Comparison of the traces of thermal paste on the heat pipe with the infrared imaging of the condenser 

In Figure 16, the red contour of the traces of thermal paste have been superimposed on the infrared 

imaging of the condenser. The similarity between the traces of thermal paste left on the heat pipe surface 

and the cold spot of the condenser is easily identified. Hence, it is concluded that the cold spots observed 

on the condenser section of the flat heat pipe are due to a better adherence of the thermal paste locally. 

This observation highlights the importance of the interface between the heat pipe and cooling manifold 

which directly impacts the heat transfer and temperature profile between the heat pipe and the heat sink. 

8. CONCLUSIONS 

In this manuscript, the impact of the heat transfer rate on the thermal performance of a multi-channel 

flat heat pipe was investigated. A multi-channel thermal resistance model was developed and its 

capability of predicting the heat pipe thermal resistance at different heat transfer rates was studied. The 

theoretical model considers the multi-channel geometry of the heat pipe and, by using the correlations 

by Rohsenow and Hussein et al. for the pool boiling and condensation heat transfer coefficients, the 

proposed theoretical model was able to predict the thermal resistance of the heat pipe with an average 
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error of 13.1%. The boiling and condensation thermal resistances were predicted with an error of 17.2% 

and 14.4%, respectively. Further investigations regarding the impact of the tilt angle on the thermal 

performance of the multi-channel flat heat pipe have been conducted and revealed that, at low heat 

transfer rate, the tilt angle of the heat pipe has a high impact on the boiling thermal resistance and a low 

impact on the condensation thermal resistance. At higher heat transfer rates, the opposite is observed, 

with a low impact of the tilt angle on the boiling thermal resistance and a high impact on the 

condensation resistance. Finally, infrared imaging of the multi-channel flat heat pipe surface was 

conducted and attest that the internal multi-channel geometry of the heat pipe allows an efficient heat 

transfer in both vertical and horizontal directions, while maintaining a uniform surface temperature at 

the evaporator and adiabatic sections. At the condenser sections, cold zones were identified due to a 

local improved adherence of the thermal paste.  

Unlike previously conducted research, this manuscript focused on the thermal performances of the 

multi-channel flat heat pipe itself rather than on its surface cooling application. It is believed that the 

investigations carried out permitted to improve our fundamental understanding of the two-phase heat 

transfer occurring inside multi-channel flat heat pipes. This aims at developing further this promising 

technology and optimizing its design and thermal performances. As a result, in a near future, multi-

channel flat heat pipes are expected to extract and recover thermal energy from flat surfaces while 

reaching unmatched efficiencies. Such innovative thermal absorber can represent a breakthrough for the 

cooling of flat surfaces such as Photovoltaic/Thermal (PV/T) or battery temperature management 

applications. 
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