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Abstract 

 

In this paper, the influence of different mean void fraction correlations on a shell-and-tube 

evaporator dynamic model performance has been evaluated. The model proposed is based on 

the moving boundary approach and includes the expansion valve modelling. Several transient 

tests, using R134a as working fluid, have been carried out varying refrigerant mass flow, inlet 

enthalpy and secondary fluid flow. Then, the model performance, using different mean void 

fractions, is analysed from the system model outputs (evaporating pressure, refrigerant outlet 

temperature and condensing water outlet temperature). The slip ratio expressions selected are: 

homogenous, momentum flux model, Zivi’s, Chisholm’s and Smith’s correlations. The results 

of the comparison between experimental and model predictions depend on the transient 

characteristics and there is not a single slip ratio correlation that provides the best 

performance in all the cases analysed. 
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𝐴 area (m2) 

𝐴𝐾  expansion valve parameter (m2) 

𝐵𝐾 expansion valve parameter (m2 K-1) 

cp specific heat capacity, (J kg-1 K-1) 

D diameter (m) 

f friction coefficient 

𝐹 Chen’s forced convection correction factor 

h specific enthalpy (J kg-1) 

k thermal conductivity (W m-1 K-1) 

𝑘𝐴 expansion valve parameter (m2) 

L evaporator zone length (m) 

m mass (kg) 

�̇� refrigerant mass flow rate (kg s-1) 

𝑛 summation upper bound 

N compressor speed (rpm) 

P pressure (Pa) 

𝑃𝑟 Prandtl number 

𝑅𝑒 Reynolds number 

S Slip ratio 

𝑠𝑓 Chen’s suppression factor 

�̇� cooling power (W) 

T temperature (K) 

t time (s) 



u dynamic viscosity (μPa s) 

�̇� volumetric flow rate (m3 s-1) 

x vapour quality 

𝑋𝑡𝑡 Martinelli parameter 

 

Greek symbols 

 

α heat transfer coefficient (W m-2 K-1) 

γ mean void fraction 

ΔT degree of superheating (K) 

ΔTstatic static degree of superheating (K) 

𝜇 density ratio 

ρ density (kg/m3) 

𝜎 vapour-liquid surface tension (N m-1) 

υ specific volume (m3 kg-1) 

 

Subscripts 

 

actual experimental value 

𝑏𝑓 two-phase 

c condensing 

cat catalogue 

Ch Chisholm’s correlation 

conv convective 



cs cross section 

e evaporator 

ex external 

g glycol-water mixture 

h homogenous model 

i inlet 

in internal 

k k-value of a data set 

L saturated liquid 

LV liquid to vapour 

M metal surface 

max maximum 

min minimum 

MF momentum flux model 

𝑛𝑏 nucleate boiling 

r refrigerant 

s shell 

Sm Smith’s correlation 

t tube  

Te total evaporator length 

o outlet 

V saturated vapour 

VS vapour to superheating 

Z Zibi’s correlation 



1e evaporation zone 

2e superheating zone 

 

Acronyms 

 

FV finite-volume distributed-parameter model 

MB moving-boundary model 

MVF mean void fraction 

RMS Root mean square value 

 

1. Introduction 

 

Refrigeration facilities based on vapour compression cycles are responsible for about 30% of 

the total energy consumption (Bouzelin et al., 2005) for utility companies. Therefore, it is 

desirable to use appropriate models to improve both their performance and management. 

Most of the models used, either steady state or dynamic, are based on physical laws and they 

usually use fluid properties and components characteristics as input data. 

 

When the aim of the model is simply to simulate specific conditions or to design systems and 

components, the steady state modelling is enough. In the available literature there are a lot of 

works that refer to steady state models of vapour compression systems (Gordon and NG, 

2000), applied to different type of installations, as reciprocating (Bourdouxhe et al., 1994) or 

centrifugal (Braun et al., 1996) chillers. Browne and Bansal (1998) also reported different 

models of vapour-compression liquid chillers developed in the past decades and Li et al. 

(2014) reviewed the research advancement in dynamic modeling of HVAC equipment. 



 

As vapour compression systems work most of the time under transient conditions (Roetzel 

and Xuan, 1999), steady state models cannot accurately describe the system response due to 

variations in their operating variables. Therefore, sometimes it is necessary to characterize the 

system transient behaviour by means of dynamic models. In this way, the characteristics of 

the systems can be better analysed, the new components can be properly designed and, 

finally, that could lead to improve its operation and efficiency. Bendapudi and Braun (2002) 

summarized various methodologies adopted in transient modelling and their applicability to 

chillers. 

 

It is well-known that heat exchangers, and the types of changes related to their dynamics 

(Rasmussen and Shenoy, 2012), are the most complex parts of the vapour compression 

models. To describe the dynamic behaviour of heat exchangers three main approaches are 

commonly used (Rasmussen, 2012): finite-volume distributed-parameter (FV), moving-

boundary lumped-parameter (MB) models and a hybrid technique of both. The general 

methodology applied in these approaches consists of applying the conservation equations into 

the heat exchanger control volumes. 

 

On the one hand, when using the MB model, each control volume corresponds to those of the 

different fluid phase regions. In refrigeration and air conditioning evaporators, two zones are 

considered: evaporation zone and vapour superheating zone. The limits of those regions are 

the moving boundaries that determine their lengths, which in turn are dynamic variables. On 

the other hand, when using the FV model, the heat exchanger is divided in control volumes of 

a constant size.  

 



Although FV models can be more accurate (MacArthur and Grald, 1989, Cullimore and 

Hendriks, 2001, Eborn et al., 2005 and Limperich et al., 2005) than MB models, they can 

require up to 15 control volumes to obtain good results (Bendapudi et al., 2008). This occurs 

because there are much more conservation equations than in the MB approach, resulting in a 

lower execution speed. MB models can be developed about three times faster than FV models 

and that is very important for control and diagnostic purposes (Bendapudi et al., 2008, 

Bendapudi, 2004). 

 

The MB model was first pioneered by Wedekind et al. (1978). This approach uses the concept 

of a mean void fraction (MVF), calculated from the local void fraction and defined as the 

cross-sectional area occupied by the vapour in relation to the total area of the flow channel. 

This parameter can be calculated through different correlations and geometric definitions: 

local, chordal, volumetric and cross-sectional (commonly used for two-phase flow) (Collier 

and Thome, 1994 and Thome, 2004). 

 

Extensive lists of void fraction models and correlations for internal flow are given by Rice 

(1987), Woldesemayat and Ghajar (2007), and Dalkilic et al. (2008). Among them, one of the 

most common are the slip ratio correlations, where the void fraction depends on the vapour 

quality and some fluid properties (Wallis, 1969). Dalkilic et al. (2008) realized a comparison 

in a vertical smooth tube (in steady state flow) and concluded that most of the slip ratio 

correlations have results that are compatible with each other for the same operating 

conditions. Milian et al. (2013) developed a dynamic model of a shell-and-tube condenser and 

studied their performance using different mean void fraction correlations. In the dynamic 

model (using R407C) of Haberschill et al., (2003) was simulated the control of cooling 

capacity by opening the expansion valve and by varying the compressor speed. 



 

The aim of this paper is to develop of a MB dynamic model of a Direct Expansion evaporator 

(including the expansion valve model) evaluating the influence of different slip ratio 

correlations on the model performance. The evaluation is quantified comparing the model 

predictions and the experimental data measurements for different transient situations in a 

vapour compression system using R134a as refrigerant. 

 

The rest of the paper is organized as follows. In Section 2, the proposed model is described. 

In Section 3, the correlations used to obtain the different mean void fractions are presented. In 

Section 4, the experimental test bench and tests used to validate the model are briefly 

explained. In section 5 the results are showed and, finally, in section 6 the main conclusions 

of this work are summarized. 

 

2. Model description 

 

An overview of the structure of the proposed model is shown in Fig. 1. 

 

 

 

Fig. 1. Model scheme. 

 

The model takes five parameters as input variables: refrigerant mass flow rate, �̇�𝑟, evaporator 

inlet refrigerant enthalpy, ℎ𝑖𝑒, propylene glycol-water mixture mass flow rate and 

temperature, �̇�𝑔 and 𝑇𝑔,𝑖𝑒, respectively, and expansion valve static superheating degree, ΔT. 

 



The model outputs are: length of evaporating zone, 𝐿1𝑒, evaporating pressure, 𝑃𝑒, evaporator 

outlet refrigerant enthalpy, ℎ𝑜𝑒, and tube wall temperatures in evaporation zone (1e) and 

superheating zone (2e), 𝑇𝑡,1𝑒 and 𝑇𝑡,2𝑒, respectively. From these outputs it can be easily 

derived the other measurable outputs, refrigerant outlet temperature, 𝑇𝑟,𝑜𝑒, and glycol-water 

outlet temperature, 𝑇𝑔,𝑜𝑒. 

 

The expansion valve and evaporator model equations, the mean void fractions expressions 

used and the applied heat transfer coefficients are presented below. 

 

2.1. Expansion valve 

 

According to previous studies (Rasmussen, 2005), the expansion valve mechanical dynamics 

are significantly faster than the expansion valve thermal dynamics, being the latter similar to 

the vapour compression system dynamics. Due to this difference, the valve is modelled with 

static relationships. 

 

Under normal operation the mass flow rate through the component is a fraction of the 

maximum value given by the manufacturer’s catalogue and is given by Eq. (1) (Belman et al., 

2010). 

 

�̇�𝑟 = �̇�𝑟,𝑐𝑎𝑡

𝛥𝑇𝑠𝑡𝑎𝑡𝑖𝑐 − 𝛥𝑇

𝛥𝑇𝑠𝑡𝑎𝑡𝑖𝑐,𝑚𝑎𝑥 − 𝛥𝑇
 (1) 

 

�̇�𝑟,𝑐𝑎𝑡 is given in the Eq. (2). 

 



�̇�𝑟,𝑐𝑎𝑡 = 𝑘𝐴√𝜌𝐿(𝑃𝑐 − 𝑃𝑒)  (2) 

 

𝑘𝐴 is a parameter characterized by a general correlation (Saiz Jabardo et al., 2002) presented 

in Eq. (3). 

 

𝑘𝐴 = 𝐴𝑘 + 𝐵𝑘 𝑇𝑒 (3) 

 

𝐴𝑘 and 𝐵𝑘 depend on the valve chosen. For the current valve are equal to 2.433·10-6 m2 and 

4.857·10-8 m2 K-1 (Belman et al., 2010). 

 

The initial value of static superheating degree is obtained from manufacturer’s data. Besides, 

an experimental correlation for the maximum superheating degree in terms of the static 

superheating degree is given by Eq. (4) (Belman et al., 2010). 

 

𝛥𝑇𝑠𝑡𝑎𝑡𝑖𝑐,𝑚𝑎𝑥 = −0.75 + 1.75𝛥𝑇 (4) 

º 

2.2. Evaporator 

 

For modelling purposes, the refrigerant flow in the shell-and-tube evaporator (Fig. 2a) can be 

approached to an equivalent axial tube heat exchanger (Fig. 2b) (Grald and MacArthur, 1992). 

Thus, it can be considered that the glycol water mixture flows through the outer tube and the 

inner tube carries the refrigerant. 

 

 



Fig. 2. Shell-and-tube evaporator inner structure and fluid path (a), and equivalent axial tube 

with two evaporator zones (b). 

 

As can be seen in Fig. 2, the evaporator is represented with two zones: evaporation zone and 

superheating zone, whose lengths are the model outputs 𝐿1𝑒 (being also the moving boundary) 

and 𝐿2𝑒, respectively. 

 

In what follows, the governing partial differential equations are described, as well as the way 

to obtain the governing ordinary differential equations of the lumped parameter model. 

 

The main simplifying assumptions of the model are as follow: 

 

• The mass flow rate of the refrigerant is assumed to be the same throughout the two 

components of the subsystem. 

• The fluid flow in the evaporator is one-dimensional. 

• Pressure drops are negligible. 

• The expansion process through the thermostatic expansion valve is isenthalpic. 

• There is no axial heat transfer conduction in the fluid flow. 

• There is no axial heat transfer conduction in the tube wall, and there is no wall 

temperature variation along its cross section. 

• Heat conduction through the shell can be neglected. 

 

The evaporator zones can be modelled from the Navier-Stokes generalized equations 

(Willatzen et al., 1998) and from the energy conservation equation in the evaporator’s wall. 



Due to the simplifying assumptions, the momentum equation can be eliminated (Eq. (5), (6) 

and (7)). 

 

𝜕𝜌𝐴𝑐𝑠
𝜕𝑡

+
𝜕�̇�𝑟

𝜕𝑧
= 0 Refrigerant mass balance (5) 

   

𝜕(𝜌𝐴𝑐𝑠ℎ − 𝐴𝑐𝑠𝑃𝑒)

𝜕𝑡
+
𝜕(�̇�𝑟ℎ)

𝜕𝑧

= 𝛼𝑖𝑛𝜋𝐷𝑖𝑛(𝑇𝑡 − 𝑇𝑟) 

Refrigerant energy balance (6) 

   

𝑚𝑡𝑒𝑐𝑝,𝑡
𝜕𝑇𝑡
𝜕𝑡

= 𝛼𝑖𝑛𝜋𝐷𝑖𝑛𝐿(𝑇𝑟 − 𝑇𝑡)

+ 𝛼𝑒𝑥𝜋𝐷𝑒𝑥𝐿(𝑇𝑔 − 𝑇𝑡) 

Tube wall energy balance (7) 

 

The spatial dependence of the previous partial differential equations is taken away by 

integrating the equations over the length of each region (Zhang et al., 2006). By applying 

Leibnitz’s rule on the first terms and integrating the second terms, a set of six ordinary 

differential equations is obtained. The integration of Eq. (5) and (6) in the two-phase flow 

region requires to use the concept of mean void fraction, 𝛾, to characterize the density and 

enthalpy, Eq. (8) and (9). 

 

𝜌 = 𝜌𝐿(1 − 𝛾) + 𝜌𝑉𝛾 (8) 

  

𝜌ℎ = 𝜌𝐿ℎ𝐿(1 − 𝛾) + 𝜌𝑉ℎ𝑉𝛾 (9) 

 

The six aforementioned ordinary differential equations are reduced to five after removing the 

refrigerant flow rate at the intermediate point, �̇�𝑖𝑛𝑡, where vapour quality is 1. The resulting 



equations are shown in a compact form in Eq. (10) and the equations terms 𝑧𝑖𝑗 and 𝑦𝑖𝑗 are 

given in Table 1 and Table 2. 

 

[
 
 
 
 
𝑧11 𝑧12 0 0 0
𝑧21 𝑧22 𝑧23 0 0
𝑧31 𝑧32 𝑧33 0 0
0 0 0 𝑧44 0
𝑧51 0 0 0 𝑧55]

 
 
 
 

[
 
 
 
 
 
�̇�1𝑒
�̇�𝑒
ℎ̇𝑜
�̇�𝑡,1𝑒

�̇�𝑡,2𝑒]
 
 
 
 
 

=

[
 
 
 
 
𝑦11 + 𝜌𝐿(ℎ𝐿 − ℎ𝑉)𝐴𝑐𝑠,𝑒�̇�𝐿1𝑒
𝑦12 − (𝜌𝑉 − 𝜌𝐿)ℎ𝑉𝐴𝑐𝑠,𝑒�̇�𝐿1𝑒
𝑦13 − (𝜌𝑉 − 𝜌𝐿)𝐴𝑐𝑠,𝑒�̇�𝐿1𝑒

𝑦14
𝑦15 ]

 
 
 
 

 (10) 

 

 

 

Table 1. Terms 𝑧𝑖𝑗 in system model. 

 

 

 

Table 2. Terms 𝑦𝑖𝑗 in system model. 

 

In this model, the enthalpy in the superheating zone, ℎ2𝑒, has been taken as the mean value 

between input and output enthalpy values of the zone. Then, all the other refrigerant 

properties are calculated from the pressure and mean enthalpy obtained in each iteration step. 

Refrigerant properties as well as their time derivatives have been obtained from fitting 

equations derived from the values provided by REFPROP library (Lemmon et al., 2002), 

what reduces the execution time in about three times. 

 

2.3. Heat transfer coefficients 

 



To obtain the heat transfer coefficients, α, there are many expressions available in the open 

literature (Bendapudi and Braun, 2002) for each different heat exchanger geometric 

configurations. In this case, as the model is intended to be used in both steady state and 

dynamic situations, it has been chosen those expressions which have shown a good 

performance in previous works such as entire vapour compression models (Navarro-Esbrí et 

al., 2010) or shell-and-tube evaporator models (Navarro-Esbrí et al., 2014). The correlations 

selected and the equations used are expressed in Table 3. 

 

 

Table 3. Equations used to obtain the heat transfer coefficients. 

 

2.4. Mean void fraction correlations 

 

The mean void fraction and its time derivative are included in the 𝑧𝑖𝑗 coefficients (coefficient 

matrix) of the previous model, Eq. (10). Although there are different correlations for 

predicting void fraction in refrigeration applications (Wilson et al., 1998), in this work it is 

chosen the local slip ratio (which can be correlated with different void fraction expressions). 

The equation to calculate this parameter is shown in Eq. (11). 

 

𝛾𝑙𝑜𝑐𝑎𝑙 =
𝑥

𝑥 + (1 − 𝑥)𝜇𝑆
 (11) 

 

where 𝜇 = (𝜌𝑉 𝜌𝐿⁄ ) and S is the slip ratio (or velocity ratio), which is defined as the ratio 

between the vapour and liquid speeds in the two-phase region (Thome, 2004). 

 



If S=1 is selected, the homogeneous model is obtained (𝑆ℎ). However, some authors note that 

it can be an inadequate representation and propose a slip flow two-phase model with S>1 

because it provides improved experimental results (Jakobsen et al., 1999). 

 

The analytical void fraction models assume that some quantities, such as momentum or 

kinetic energy of the two phases, tend towards a minimum value. So, when the momentum 

flux is assumed to have a minimum value (𝑆𝑀𝐹) the velocity ratio S is given by Eq. (12). 

 

𝑆𝑀𝐹 = (
𝜌𝑉
𝜌𝐿
)
−1/2

 (12) 

 

Another frequently used expression to calculate S is proposed by Zivi (𝑆𝑍) (Rice, 1987), Eq. 

(13). This model was proposed for annular flow, with the assumption that no liquid is 

entrained in the central vapour core and that the total kinetic energy of the two phases will 

tend to be a minimum. 

 

𝑆𝑍 = (
𝜌𝑉
𝜌𝐿
)
−1/3

 (13) 

 

Aside from the previous analytical models, two empirical correlations obtained by Smith and 

Chisholm are also used in this model (Collier and Thome, 1994). These correlations depend 

on both evaporating pressure and vapour quality. 

 

The Smith separated flow model provides the following slip ratio expression (𝑆𝑆𝑚), Eq. (14). 

 



𝑆𝑆𝑚 = 𝑒 + (1 − 𝑒) [

𝜌𝐿
𝜌𝑉
+ 𝑒 (

1 − 𝑥
𝑥 )

1 + 𝑒 (
1 − 𝑥
𝑥 )

]

1/2

 (14) 

 

where e represents the fraction of liquid entrained in the gas as droplets. Eq. (14) is based on 

the assumption that the momentum fluxes in both phases are equal (Rice, 1987). 

 

The Chisholm correlation (𝑆𝐶ℎ) is derived from simple annular flow theory and equates the 

frictional pressure drops in the liquid and the gas phase, Eq. (15). 

 

𝑆𝐶ℎ = [1 − 𝑥 (1 −
𝜌𝐿
𝜌𝑉
)]
1/2

 (15) 

 

So, in this paper, five slip ratio correlations are used: 𝑆ℎ,  𝑆𝑀𝐹 ,  𝑆𝑍,  𝑆𝑆𝑚,  𝑆𝐶ℎ. These 

expressions can be used in Eq. (11) to obtain the mean void fraction. 

 

In this way, after using  𝑆𝑀𝐹 or 𝑆𝑍 in Eq. (11) and integrating along the two-phase zone, it can 

be obtained the mean void fraction, 𝛾(𝑥, 𝑆), Eq. (16). This expression depends on both the 

vapour quality and on the slip ratio correlation used (Fig. 3 represents the mean void fraction 

values obtained when 𝑆 = 𝑆𝑍, varying 𝜇 and the vapour inlet quality). 

 

𝛾 =
1

(1 − 𝜇𝑆)
{1 +

𝜇𝑆

(𝑥2𝑒 − 𝑥1𝑒)(1 − 𝜇𝑆)
𝑙𝑛 [

𝜇𝑆 + 𝑥1𝑒(1 − 𝜇𝑆)

𝜇𝑆 + 𝑥2𝑒(1 − 𝜇𝑆)
]} (16) 

 

 

 



Fig. 3. Quality based mean void fraction, S=𝑆𝑍. 

 

However, when substituting  𝑆𝑆𝑚 or 𝑆𝐶ℎ in Eq. (11), the resulting expression cannot be solved 

analytically. Instead, a numerical integration can be performed as proposed in Eq. (17). 𝑛 is 

the total amount of nodes, in this case it is equal to 10 in order to have enough accuracy 

(Zhang and Zhang, 2006). 

 

𝛾 =
1

𝑛
∑(𝛾𝑙𝑜𝑐𝑎𝑙)𝑘

𝑛

𝑘=1

 (17) 

 

The time derivative �̇� (included in the right hand terms of the Eq. (10)) can be neglected in 

this case. This is because the mean void fractions calculated take almost constant values (this 

can be seen for 𝑆 = 𝑆𝑍 in Fig. 3, particularly for 𝜇<0.01). 

 

The slip ratios 𝑆𝑀𝐹 and 𝑆𝑍 only depend on the evaporating pressure, and are calculated 

straightforward at each program step. But as 𝑆𝑆𝑚 and 𝑆𝐶ℎ also depend on the vapour quality at 

each point of the evaporating zone, their mean values must be calculated at each time step 

along this zone; this is performed approximately by means of numeric integration. 

 

3. Experimental plant and tests 

 

The experimental plant is composed of a vapour compression system, using R134a as 

working fluid, and two secondary fluid circuits (Fig. 4). The main circuit consists of an open 

type variable speed compressor, a shell-and-tube condenser, with refrigerant flowing along 

the shell and the water inside the tubes; a thermostatic expansion valve, and a DX shell-and-



tube evaporator thermally isolated, where the refrigerant flows inside the tubes (Table 4) and 

the secondary fluid along the shell. 

 

 

 

Fig. 4. Simplified vapour compression plant scheme. 

 

 

 

Table 4. Tube characteristics. 

 

The evaporator secondary fluid circuit is a load simulation system (it makes possible to 

control the evaporator conditions). It consists of a tank with electrical resistances allowing the 

control of the evaporator’s thermal load by means of a variable speed pump and a PID 

temperature controller. The secondary fluid is a water–propylene glycol (70/30 by mass 

percentage). 

 

The experimental setup is fully instrumented to measure key variables (their location can be 

seen at Fig 4.) Table 5 shows a summary of the measured parameters, the sensors used and 

the uncertainty associated. The signals generated are gathered with a data acquisition system 

and monitored and controlled through a personal computer.  

 

 

 

Table 5. Measured parameters and equipment uncertainty. 



 

In order to carry out a proper model validation, the transient tests were realised over a wide 

range of operating conditions (Table 6). In each transient test, only one input changes: mass 

flow rate, evaporator inlet enthalpy or glycol-water mixture flow rate. First, these parameters 

are lowered (or increased) and subsequently are increased (or lowered) in about the same 

amount. The static superheating degree is maintained constant at 5K, and the rest of the inputs 

remain almost stable (their mean values and standard deviation are also shown). 

 

 

 

Table 6. Parameters changes that originates the transients. 

 

4. Results and discussion 

 

In this section the comparison between experimental and model predictions using different 

slip ratio correlations (mentioned in brackets for each parameter considered) is presented. 

Thus, the predicted model outputs (evaporating pressure, refrigerant outlet temperature and 

glycol-water outlet temperature), using different slip ratios correlations, are compared with 

the experimental measurements (Fig. 5 to Fig. 10). It is also shown how the MVF 

corresponding to those slip ratios behave over the course of the tests. 

 

As said before, the model inputs are incremented and decremented in the same amount. But 

since the trends are similar, it is only shown the model outputs for one performed change 

(either decrease or increase). 

 



The root mean square (RMS) deviation is used to quantify the difference between each value 

predicted by the model 𝑋𝑆 and the experimental value measured 𝑋𝑎𝑐𝑡𝑢𝑎𝑙, Eq. (18). 

 

𝑅𝑀𝑆(𝑋) = √∑ (𝑋𝑎𝑐𝑡𝑢𝑎𝑙,𝑘 − 𝑋𝑆,𝑘)
2𝑛

𝑘=1

𝑛
 (18) 

 

𝑋 represents the outputs 𝑃𝑒 , 𝑇𝑟,𝑜𝑒 , 𝑇𝑔,𝑜𝑒 and the subindex 𝑆 represents the slip ratio expression 

used, described above (S=h, MF, Z, Sm, Ch). k is the k-value of the data set and model results 

and 𝑛 represents the total amount of measurements in each test. The RMS values obtained 

with each void fraction correlation are given in Table 7. 

 

 

 

Table 7. RMS values. 

 

In the following paragraphs, the system responses due to changes in input variables 

(refrigerant mass flow rate, evaporator inlet quality or glycol-water mixture flow rate) are 

analysed. 

 

4.1. Changes in refrigerant mass flow rate 

 

The changes in refrigerant mass flow rates are contemplated in tests from 1 to 6, with small 

changes (test 1 and test 2), medium changes (test 3 and test 4) and high changes (test 5 and 

test 6). 

 



As shown in Table 6, the refrigerant mass flow rate in test 1 is changed from 0.0563 to 0.0548 

𝑘𝑔 𝑠−1, and in test 2 it has been changed from 0.0555 to 0.0569 𝑘𝑔 𝑠−1. Both variations can 

be considered as small changes. The transient responses of the system model outputs for test 1 

are shown in Fig. 5. 

 

 

 

Fig. 5. Test 1. Model outputs due to small decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 

 

As can be seen in Fig. 5, the model correctly predicts the dynamics of the three outputs. The 

model results are very similar for 𝑃𝑒 and 𝑇𝑟,𝑜𝑒 (except with the homogeneous model) and 

converge quite well to the experimental values (being particularly good for 𝑇𝑔,𝑜𝑒), although a 

slight slower response in pressure predictions is detected. As the trend and dynamics of all 

outputs in test 2 are similar to those in test 1, the test 2 graphics are not shown in this paper. 

 

From the RMS values given in Table 7, it can be deduced that the slip ratio that produces best 

model performance, in terms of RMS values, in both tests is 𝑆𝑀𝐹 for 𝑃𝑒 and 𝑇𝑟,𝑜𝑒 (except in 

Test 2, where 𝑆𝑍 is a slight better), being the model predictions obtained using 𝑆𝐶ℎ, 𝑆𝑆𝑚 and 

𝑆𝑍 very close. The slip ratio that produces the highest values of RMS in the evaporating 

pressure and refrigerant outlet temperature is the homogeneous model. 

 

From Table 7 it can also be seen that for 𝑇𝑔,𝑜𝑒, the RMS differences are almost negligible. 

 



The next group of transient responses are obtained with medium changes in refrigerant mass 

flow. Test 3 when it drops from 0.0556 to 0.0503 𝑘𝑔 𝑠−1 and test 4 when it increases in about 

the same quantity from 0.0483 to 0.0543 𝑘𝑔 𝑠−1. In these two tests the changes are higher 

than previously. The model outputs transients for test 3 are shown in Fig. 6. 

 

 

 

Fig. 6. Test 3. Model outputs due to medium decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 

 

From Fig. 6 it can be seen that the model predicts correctly enough the dynamics of the three 

outputs, being the homogeneous correlation the one that gives higher errors in model 

predictions. The output trends are similar in both tests 3 and 4. All RMS values in tests 3 and 

4 are greater than in tests 1 and 2. 

 

According to the RMS values, the best performing slip ratios, in terms of RMS values, for 𝑃𝑒 

and 𝑇𝑟,𝑜𝑒in both tests are 𝑆𝐶ℎ and 𝑆𝑆𝑚 (and their results are very similar). Equal to tests 1 and 

2, the worst values are given by 𝑆ℎ.  

 

Fig. 6c shows that 𝑇𝑔,𝑜𝑒 follows and approaches very well to the experimental values for all 

correlations. The maximum relative error in both tests is 0.13% for 𝑇𝑔,𝑜𝑒(𝑆𝐶ℎ). 

 

In test 5 and 6 the highest changes in mass flow rate are performed: in test 5 it drops from 

0.0569 𝑘𝑔 𝑠−1 to 0.0497 𝑘𝑔 𝑠−1 and in test 6 it increases in a similar quantity, from 0.0497 

𝑘𝑔 𝑠−1 to 0.0603 𝑘𝑔 𝑠−1. Fig. 7 shows the behavior of the three model outputs in test 5. The 



transients of these model outputs also follow the experimental trends, particularly 𝑇𝑔,𝑜𝑒. The 

other two outputs, i.e., 𝑃𝑒 and 𝑇𝑟,𝑜𝑒, depart from the experimental values even more than in 

previous tests. RMS results for each slip ratio correlation are now even higher than in 

previous tests. 

 

 

Fig. 7. Test 5. Model outputs due to high decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 

 

For these two tests, the RMS results for 𝑃𝑒 and 𝑇𝑟,𝑜𝑒 are very similar to the previous tests. The 

empirical correlations of Smith and Chisholm are the best performing and, again, the worst 

performing correlation is 𝑆ℎ.  

 

As in previous tests, the model using any of the proposed slip ratio correlations follows and 

approaches very well to the experimental values for all correlations. 

 

 

4.2. Changes in evaporator inlet enthalpy 

 

The changes in evaporator inlet enthalpy are represented by tests from 7 to 10. Test 7 and test 

8 show small changes and test 9 and test 10 present higher changes.  

 

Analysing the small changes, in test 7 (Fig. 8), evaporator inlet enthalpy increases from about 

251 to 258 𝑘𝐽 𝑘𝑔−1, whereas in test 8, the inlet enthalpy drops from 256 to 251 𝑘𝐽 𝑘𝑔−1. 

 



 

Fig. 8. Test 7. Model outputs due to small decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

Using all the slip ration correlations (except the homogenous one), the model outputs follow 

quite well the experimental values. As in all cases seen up till now, the homogeneous model 

predicts a lower pressure and a higher temperature than the experimental values, so both 

departs significantly. 

 

The model predictions using 𝑆𝐶ℎ, 𝑆𝑆𝑚 and 𝑆𝑍 are very next to the actual values for 𝑃𝑒 and 

𝑇𝑟,𝑜𝑒. Even 𝑆𝑍 is giving good model predictions. About 𝑇𝑔,𝑜𝑒 model predictions, again all the 

MVF correlations provide good results as it can be seen also in Fig 8.c. 

 

Regarding to higher changes in evaporator inlet enthalpy, represented by test 9 and test 10, 

Fig. 9 shows the results of test 9. It can be seen as the results with the homogeneous 

correlation depart significantly from the other (as in previous tests). Comparing these results 

with those obtained in the previous test which evaporator inlet enthalpy is varied (7 and 8), it 

can be seen as the model outputs are closer to experimental values when inlet enthalpy 

variations are small. Besides, predictions are better when inlet enthalpy decreases. This can be 

stated analysing the RMS values. 

 

 

 



Fig. 9. Test 9. Model outputs due to high decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

According to the RMS values obtained for 𝑃𝑒 in both tests 9 and 10, the best performing slip 

ratio is given by the homogeneous correlation. The maximum relative errors are observed in 

𝑃𝑒(SCh) and are: 3.30% and 2.37% in tests 9 and 10, respectively. RMS values in test 9 are 

higher than in test 7 and RMS values in test 10 are higher than in test 8. Thus, as it happens in 

the case of refrigerant mass flux changes, enthalpy variations also affect model deviations 

from the experimental values. 

 

For 𝑇𝑟,𝑜𝑒, as well as in tests 7 and 8, the homogeneous correlation is the worst performing 

with relative errors of 0.46% and 0.22% for 𝑇𝑟,𝑜𝑒(𝑆𝐶ℎ) in test 9 and 10. For 𝑇𝑔,𝑜𝑒, maximum 

relative errors are less than 0.1% for 𝑇𝑔,𝑜𝑒(𝑆𝑍) in both tests 9 and 10. 

 

4.3. Changes in glycol-water mixture flow 

 

The next set of transient tests is the result of changes in propylene glycol water mixture flow 

(tests 11 and 12). In Fig. 10 the model outputs of test 11 are represented, which corresponds 

to a sharp glycol-water flow increase of 2.3 10-4 𝑚3 𝑠−1, (in test 12 a similar drop in glycol-

water flow takes place). Once more the model outputs trends follow quite well the 

experimental values, and results with the homogeneous model depart significantly from the 

others, the latter being quite similar to each other. 

 

 



 

Fig. 10. Test 11. Model outputs due to sharp decrease in evaporator secondary fluid flow, 

(a) evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

The model predictions for 𝑃𝑒 and 𝑇𝑟,𝑜𝑒 in tests 11 and 12 are worst that those obtained in all 

the previous tests, being the RMS values very similar for all the slip ratio correlations. The 

homogeneous model continues producing a model overestimation in refrigerant outlet 

temperature and an underestimation in evaporating pressure in comparison to the other MVF 

correlations. 

  

Again, 𝑇𝑔,𝑜𝑒 is predicted accurately using any of the correlations proposed in this work. 

 

5. Conclusions 

 

This paper presents a dynamic lumped parameter model for an evaporator with thermostatic 

expansion valve, using R134a as working fluid. The heat exchanger is modelled with the 

moving-boundary formulation whereas the expansion valve is described by a steady state 

model. In this model, several slip ratio correlations, used to calculate the mean void fraction 

parameter, have been used, and their influence on the model results has been analysed, 

comparing model predictions with experimental data measured from transient tests. 

 

In general, the physical model used in this work predicts the evaporating pressure with a 

maximum relative error of ±8%, and the refrigerant and evaporator secondary fluid output 

temperatures with maximum relative errors always below 2%. As these errors usually 



correspond to the worst performing slip ratios of each case, smaller errors are obtained with 

other slip ratio correlations.  

 

The influence of the slip ratio correlations on the model accuracy depends on the output 

considered, the transient situation chosen. For refrigerant mass flow rate variations, in 

general, the most accurate model predictions are obtained when Chisholm’s or Smith’s 

correlations are used. For evaporator inlet enthalpy changes Chisholm’s or Smith’s produce 

good model predictions, and Zivi’s correlation for high changes. For secondary fluid flow 

variations, the results provided by Chisholm’s and Smith’s correlations and by the momentum 

flux model are very similar. 
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Fig. 1. Model scheme. 
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Fig. 2. Shell-and-tube evaporator inner structure and fluid path (a) and equivalent axial tube 

with two evaporator zones (b). 
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Fig. 3. Quality based mean void fraction, S=𝑆𝑍. 
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Fig. 4. Simplified vapour compression plant scheme. 
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Fig. 5. Test 1. Model outputs due to small decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 
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Fig. 6. Test 3. Model outputs due to medium decrease refrigerant in mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 
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Fig. 7. Test 5. Model outputs due to high decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 
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Fig. 8. Test 7. Model outputs due to small decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 
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Fig. 9. Test 9. Model outputs due to high decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 
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Fig. 10. Test 11. Model outputs due to sharp decrease in evaporator secondary fluid flow, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 
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FIGURE CAPTIONS 

 

Fig. 1. Model scheme. 

 

Fig. 2. Shell-and-tube evaporator inner structure and fluid path (a), and equivalent axial tube 

with two evaporator zones (b). 

 

Fig. 3. Quality based mean void fraction, S=𝑆𝑍. 

 

Fig. 4. Simplified vapour compression plant scheme. 

 

Fig. 5. Test 1. Model outputs due to small decrease in refrigerant mass flux, (a) evaporating 

pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet temperature. 

 

Fig. 6. Test 3. Model outputs due to medium decrease in refrigerant mass flux decrease, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

Fig. 7. Test 5. Model outputs due to high decrease in refrigerant mass flux decrease, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

Fig. 8. Test 7. Model outputs due to small decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 



 

Fig. 9. Test 9. Model outputs due to high decrease in evaporator inlet enthalpy, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

 

Fig. 10. Test 11. Model outputs due to sharp decrease in evaporator secondary fluid flow, (a) 

evaporating pressure, (b) refrigerant outlet temperature, (c) secondary fluid outlet 

temperature. 

  



Table 1. Terms 𝑧𝑖𝑗 in system model. 

 

𝑧11 𝐴𝑐𝑠,𝑒𝜌𝐿(ℎ𝐿 − ℎ𝑉)(1 − 𝛾) 

𝑧12 {[
𝑑(𝜌𝐿ℎ𝐿)

𝑑𝑃𝑒
−
𝑑𝜌𝐿
𝑑𝑃𝑒

ℎ𝑉] (1 − 𝛾) + [
𝑑(𝜌𝑉ℎ𝑉)

𝑑𝑃𝑒
−
𝑑𝜌𝑉
𝑑𝑃𝑒

] (𝛾) − 1}𝐴𝑐𝑠,𝑒𝐿1𝑒 

𝑧21 [(𝜌𝐿ℎ𝑉 − 𝜌2𝑒ℎ2𝑒) + (𝜌𝑉 − 𝜌𝐿)(𝛾)ℎ𝑉]𝐴𝑠𝑟_𝑒 

𝑧22 

{[(
𝜕𝜌2𝑒
𝜕𝑃𝑒

|
ℎ2𝑒

) + 0.5 (
𝜕𝜌2𝑒
𝜕ℎ2𝑒

|
𝑃𝑒

) (
𝑑ℎ𝑉
𝑑𝑃𝑒

)] ∙ 0.5(ℎ𝑜 − ℎ𝑉) + 0.5𝜌2𝑒 (
𝑑ℎ𝑉
𝑑𝑃𝑒

) − 1}𝐴𝑐𝑠,𝑒𝐿2𝑒

+ [
𝑑𝜌𝐿
𝑑𝑃𝑒

(1 − 𝛾) +
𝑑𝜌𝑉
𝑑𝑃𝑒

(𝛾)] ℎ𝑉𝐿1𝑒 

𝑧23 [0.5 (
𝜕𝜌2𝑒
𝜕ℎ2𝑒

|
𝑃𝑒

) ∙ 0.5(ℎ𝑜 − ℎ𝑉) + 0.5𝜌2𝑒] 𝐴𝑐𝑠,𝑒𝐿2𝑒 

𝑧31 [(𝜌𝑉 − 𝜌2𝑒) + (𝜌𝐿 − 𝜌𝑉) ∙ (1 − 𝛾)]𝐴𝑐𝑠,𝑒 

𝑧32 

{[(
𝑑𝜌𝐿
𝑑𝑃𝑒

) (1 − 𝛾) + (
𝑑𝜌𝑉
𝑑𝑃𝑒

) (𝛾)] 𝐿1𝑒

+ [(
𝜕𝜌2𝑒
𝜕𝑃𝑒

|
ℎ2𝑒

) + 0.5(
𝜕𝜌2𝑒
𝜕ℎ2𝑒

|
𝑃𝑒

) (
𝑑ℎ𝑉
𝑑𝑃𝑒

)] 𝐿2𝑒} 𝐴𝑐𝑠,𝑒 

𝑧33 0.5 (
𝜕𝜌2𝑒
𝜕ℎ2𝑒

|
𝑃𝑒

)𝐴𝑐𝑠,𝑒𝐿2𝑒 

𝑧44 𝑚𝑡𝑒𝐶𝑝,𝑡 

𝑧51 𝑚𝑡𝑒𝐶𝑝,𝑡 (
𝑇𝑡,1𝑒 − 𝑇𝑡,2𝑒

𝐿2𝑒
) 

𝑧55 𝑚𝑡𝑒𝐶𝑝,𝑡 

 

  



Table 2. Terms 𝑦𝑖𝑗 in system model. 

 

𝑦11 �̇�𝑟(ℎ𝑖 − ℎ𝑉) + 𝛼𝑖𝑛,1𝑒 ∙ 𝐴𝑖𝑛,𝑒 (
𝐿1𝑒
𝐿𝑡𝑒
) (𝑇𝑡,1𝑒 − 𝑇𝑟,1𝑒) 

𝑦21 �̇�𝑟ℎ𝑉 − �̇�𝑟ℎ𝑜 + 𝛼𝑖𝑛,2𝑒 ∙ 𝐴𝑖𝑛,𝑒
𝐿2𝑒
𝐿𝑡𝑒

(𝑇𝑡,2𝑒 − 𝑇𝑟,2𝑒) 

𝑦31 0 

𝑦41 𝛼𝑒𝑥,1𝑒𝐴𝑒𝑥,𝑒
𝐿1𝑒
𝐿𝑡𝑒

(𝑇𝑔,1𝑒 − 𝑇𝑡,1𝑒) − 𝛼𝑖𝑛,1𝑒𝐴𝑖𝑛,𝑒 (
𝐿1𝑒
𝐿𝑡𝑒
) (𝑇𝑡,1𝑒 − 𝑇𝑟,1𝑒) 

𝑦51 𝛼𝑒𝑥,2𝑒𝐴𝑒𝑥,𝑒
𝐿2𝑒
𝐿𝑡𝑒

(𝑇𝑔,2𝑒 − 𝑇𝑡,2𝑒) − 𝛼𝑖𝑛,2𝑒𝐴𝑖𝑛,𝑒
𝐿2𝑒
𝐿𝑡𝑒

(𝑇𝑡,2𝑒 − 𝑇𝑟,2𝑒) 

 

  



Table 3. Equations used to obtain the heat transfer coefficients. 

 
Heat transfer 

coefficient 
Correlation Equations 

Shell side: 

both regions 

Zukauskas 

(1987) 

𝛼𝑒𝑥,(1𝑒,2𝑒) = 
𝑘𝑔

𝐷𝑒𝑥
∙ 𝐶 ∙ 𝑅𝑒𝑚𝑎𝑥

𝑚 ∙ 𝑃𝑟𝑔
0.36 ∙ (

𝑃𝑟𝑔

𝑃𝑟𝑔,𝑡
)

0.25

 

 

𝐶 and 𝑚 depends on the configuration and 𝑅𝑒𝐷 

(Incropera and DeWitt, 1996) 

Tube side: 

evaporating 

region 

Chen (1966) 

𝛼𝑖𝑛,1𝑒 = 𝑠𝑓𝛼𝑛𝑏 + 𝐹𝛼𝑐𝑜𝑛𝑣  
 

𝑠𝑓 =
1

1 + 0.00000253𝑅𝑒𝑏𝑓
1.17 

 

where 𝑅𝑒𝑏𝑓 = 𝑅𝑒𝐿 ∙ 𝐹
1.25 

 

𝐹 =

{
 
 

 
 1, 𝑖𝑓 

1

𝑋𝑡𝑡
≤ 0.1

2.35 (
1

𝑋𝑡𝑡
+ 0.213)

0.736

, 𝑖𝑓 
1

𝑋𝑡𝑡
> 0.1

 

 

where 𝑋𝑡𝑡 = (
1−𝑥

𝑥
)
0.9
(
𝜌𝑉

𝜌𝐿
)
0.5
(
𝑢𝐿

𝜇𝑉
)
0.1

 
 

𝛼𝑛𝑏 = 0.00122 [
𝑘𝐿
0.79𝐶𝑝𝐿

0.45𝜌𝐿
0.49

𝜎0.5𝑢𝐿
0.29ℎ𝐿𝑉

0.24𝜌𝑉
0.24] ∆𝑇𝑠𝑎𝑡

0.24∆𝑃𝑠𝑎𝑡
0.75 (Forster 

and Zuber, 1955) 
 

𝛼𝑐𝑜𝑛𝑣 = 0.023𝑅𝑒𝐿
0.8𝑃𝑟𝐿

0.4 (
𝑘𝐿

𝐷𝑖𝑛
) (Dittus and Boelter, 

1930) 
 

Tube side: 

superheating 

region 

Gnielinski 

(1976) 
𝛼𝑖𝑛,2𝑒 =

𝑘𝑟,2𝑒
𝐷𝑖𝑛

(
𝑓2𝑒
8
) (𝑅𝑒2𝑒 − 1000)𝑃𝑟2𝑒

1 + 12.7 (
𝑓2𝑒
8 )

1/2

(𝑃𝑟2𝑒
2/3

− 1)

 

 

 



Table 4. Tube characteristics. 

 

Number 76 

𝐷𝑖𝑛 𝐷𝑒𝑥⁄  8.22 × 10−3/9.52 × 10−3 m 

Thickness of inner microfins 0.2 × 10−3 m 

Total length 0.92 m 

External exchange surface 1.81 m2 

Tube-side volume 3.3 × 10−3 m3 

Shell-side volume 8 × 10−3 m3 

 

  



Table 5. Measured parameters and equipment uncertainty. 

 

Measured parameters Sensor Uncertainty 

Temperatures K-type thermocouples ±0.3 K 

Pressures Piezoelectric pressure transducers ±0.1% 

Mass flow rate Coriolis mass flow meter ±0.22% 

Compressor power consumption Digital wattmeter ±0.5% 

Rotation speed Capacitive sensor ±1% 

Volumetric flow rate Electromagnetic flow meters ±0.33% 

 

  



Table 6. Changes of parameters that originate the transients. 

 

Test �̇�𝑟 (𝑘𝑔 𝑠−1) ℎ𝑖,𝑎𝑣𝑔(𝑘𝐽 𝑘𝑔
−1)  �̇�𝑔(𝑚3𝑠−1) 𝑇𝑔,𝑖 (K) 

Test 1 0.0563→0.0548 256.6(±0.1) 8.2 10-4(±1.4 10-6) 285.16(±0.08) 

Test 2 0.0555→0.0569 259.7(±0.2) 8.2 10-4(±2.8 10-6) 285.09(±0.06) 

 Test 3 0.0556→0.0503 248.7(±0.9) 8.2 10-4(±2.8 10-6) 285.11(±0.07 

 Test 4 0.0483→0.0543 266.8(±1.5) 8.2 10-4(±1.4 10-6) 285.19(±0.05) 

 Test 5 0.0569→0.0497 257.4(±2.1) 8.2 10-4(±2.8 10-6) 285.11(±0.06) 

 Test 6 0.0497→0.0603 261.0(±3.0) 8.2 10-4(±2.8 10-6) 285.08(±0.07) 

 Test 7 0.0599(±0.0003) 251→258 8.2 10-4(±1.7 10-6) 285.10(±0.07) 

 Test 8 0.0553(±0.0003) 256→251 8.2 10-4(±2.2 10-6) 285.14(±0.07) 

 Test 9 0.0591(±0.0007) 264→273 8.2 10-4(±2.8 10-6) 285.15(±0.07) 

 Test 10 0.0552(±0.0005) 270→260 8.2 10-4(±2.5 10-6) 285.14(±0.07) 

 Test 11 0.0546(±0.0031) 242.0(±1.1) 3.3 10-4
→5.6 10-4 284.76(±0.16) 

 Test 12 0.0489(±0.0030) 234.1(±1.1) 5.6 10-4
→3.3 10-4 284.56(±0.21) 

  



Table 7. RMS values. 

 

  𝑺𝒉  𝑺𝑴𝑭 𝑺𝒁 𝑺𝑺𝒎 𝑺𝑪𝒉 

Test 1 𝑃𝑒 1273 943 967 951 945 

 𝑇𝑟,𝑜𝑒 0.1734 0.0772 0.0908 0.0835 0.0799 

 𝑇𝑔,𝑜𝑒 0.0465 0.0470 0.0467 0.0468 0.0469 

Test 2 𝑃𝑒 918 737 765 759 764 

 𝑇𝑟,𝑜𝑒 0.0917 0.0734 0.0715 0.0757 0.0758 

 𝑇𝑔,𝑜𝑒 0.0502 0.0497 0.0501 0.0483 0.0482 

Test 3 𝑃𝑒 4527 2731 3047 2643 2622 

 𝑇𝑟,𝑜𝑒 0.5365 0.1654 0.2153 0.1553 0.1522 

 𝑇𝑔,𝑜𝑒 0.0610 0.0724 0.0678 0.0745 0.0754 

 Test 4 𝑃𝑒 4339 2273 2657 2121 2124 

 𝑇𝑟,𝑜𝑒 0.957 0.097 0.158 0.071 0.070 

 𝑇𝑔,𝑜𝑒 0.048 0.051 0.049 0.055 0.056 

Test 5 𝑃𝑒 8236 5598 6085 5338 5356 

 𝑇𝑟,𝑜𝑒 0.6396 0.1958 0.2783 0.1305 0.1310 

 𝑇𝑔,𝑜𝑒 0.0478 0.0509 0.0492 0.0551 0.0554 

Test 6 𝑃𝑒 8106 4114 4818 4065 3939 

 𝑇𝑟,𝑜𝑒 0.7656 0.1921 0.2219 0.1942 0.1940 

 𝑇𝑔,𝑜𝑒 0.073 0.093 0.083 0.091 0.094 

Test 7 𝑃𝑒 2105 857 1021 860 838 

 𝑇𝑟,𝑜𝑒 0.183 0.119 0.087 0.115 0.123 

 𝑇𝑔,𝑜𝑒 0.0446 0.0448 0.0447 0.0448 0.0448 

Test 8 𝑃𝑒 768 1356 1209 1325 1349 

 𝑇𝑟,𝑜𝑒 0.2722 0.1112 0.1351 0.1156 0.1115 

 𝑇𝑔,𝑜𝑒 0.6879 0.5179 0.5499 0.5238 0.5177 

Test 9 𝑃𝑒 2146 5011 4453 5254 5272 

 𝑇𝑟,𝑜𝑒 0.7908 0.3276 0.4192 0.2821 0.2771 

 𝑇𝑔,𝑜𝑒 0.0450 0.0447 0.0444 0.0455 0.0457 

Test 10 𝑃𝑒 1299 3813 3297 4069 4082 

 𝑇𝑟,𝑜𝑒 0.2985 0.1553 0.0858 0.2051 0.2085 

 𝑇𝑔,𝑜𝑒 0.0432 0.0429 0.0428 0.0431 0.0432 

Test 11 𝑃𝑒 11950 6713 7671 6147 6089 

 𝑇𝑟,𝑜𝑒 1.3698 2.4007 2.2173 2.4897 2.4976 

 𝑇𝑔,𝑜𝑒 0.2384 0.2478 0.2451 0.2504 0.2507 

Test 12 𝑃𝑒 15201 13208 13258 13539 13631 

 𝑇𝑟,𝑜𝑒 2.711 3.381 3.248 3.442 3.451 

 𝑇𝑔,𝑜𝑒 0.5768 0.5690 0.5725 0.5669 0.5666 

 


