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ABSTRACT

Investigation of a Radiantly Heated and Cooled Office with an Integrated
Desiccant Ventilation Unit. (August 2007)
Xiangyang Gong, B.S., North China Institute of Electric Power, China;
M.S., Southern Illinois University
Chair of Advisory Committee: Dr. David E. Claridge

Radiant heating and cooling has a reputation of increasing the comfort level and reducing the
energy consumption of buildings. The main advantages of radiant heating and cooling are low
operational noise and reduced fan power cost. Radiant heating and cooling has been supplied in
several forms, including floor heating, ceiling heating and cooling, radiant panels and fagade
heating and cooling. Among them, fagade heating and cooling is the most recently developed
system. This dissertation provides a comprehensive study of several technical issues relative to
radiant heating and cooling systems that have received little attention in previous research. The
following aspects are covered in this dissertation:

First, a heat transfer model of mullion radiators, one type of facade heating and cooling, is
developed and verified by measured performance data. The simulation demonstrates that the
heating or cooling capacity of mullion radiators is a semi-linear function of supply water
temperature and is affected by the thermal conductive resistance of mullion tubes, the room air
temperature, the supply water flow rate, and the outside air temperature.

Second, the impact of the positions of radiators on energy consumption and thermal comfort
is studied. This dissertation compares the heating load and comfort level as measured by
uniformity of operative temperature for two different layouts of radiators in the same geometric
space. The air exchange rate has been identified as an important factor which affects energy
saving benefits of the radiant heating systems.

Third, the infiltration and the interaction of infiltration and mechanical ventilation air to
produce moisture condensation in a radiantly cooled office are examined. The infiltration of the
studied office is also explored by on-site blower door measurement, by analyzing measured CO,
concentration data, and through modeling. This investigation shows the infiltration level of the
studied office to range between 0.46 and 1.03 air changes per hour (ACH).

Fourth, the integrated sensible heating and cooling system is simulated and compared with a

single duct variable air volume (VAV) system. The results show that, at the current infiltration
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level, the studied sensible heating and cooling system with an integrated active desiccant
ventilation unit consumes 5.6% more primary energy than a single duct VAV system; it would
consumes 11.4% less primary energy when the system is integrated with a presumed passive

desiccant ventilation unit.
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CHAPTER I

INTRODUCTION

1.1 Background

Rising energy prices during recent years have significantly increased the operating costs of
educational buildings, which adds a substantial burden on both universities and students. In 2002,
the U.S. Department of Energy initiated a research program aimed at applying advanced HVAC
technology to educational buildings to investigate more comfortable, occupant-friendly and low
energy consumption university building prototypes. The Intelligent Workplace (IW) at Carnegie
Mellon University was selected as the test site for this research program. This program proposed
to build a micro cogeneration unit as an energy supply source, and to use waste heat as well as
heat from solar receivers to produce hot and chilled water (Yin 2006). The space uses radiant
heating and cooling as its energy distribution system in the indoor space. Texas A&M University
is taking part in this research program, and focusing its research on the radiant heating and

cooling for the indoor space and the commissioning of the necessary systems.

1.2 Introduction of the Intelligent Workplace

The test site, the IW, is a small university office area which includes space for faculty,
graduate student and staff offices and a meeting room. This office space is used by the Center for
Building Performance and Diagnostics in the Department of Architecture at Carnegie Mellon
University. The 580m” (6228 ft*) space uses a radiant heating and cooling system combined with
a solid desiccant ventilation system. In the north zone of the IW, “cool waves” are also used to
supply partial cooling in summer. “Cool wave” is a chilled beam coupled with a slowly
oscillating fan, which cools room air by forced air circulation. The “cool wave” units are
recommended by the manufacturers to meet sensible load only, in order to avoid mold growth.
21 fan coil units are planned for installation in the south zone. The space uses two types of
radiant panels. The first type is radiant mullions, as shown in Figure 1.1, which are installed
vertically along the window frames and are an integrated part of the building facade. The
mullion system is used to offset the heating and cooling load from the windows, and to increase

indoor comfort levels. Another function of the mullion system is that grouped mullions can

This dissertation follows the style and format of ASHRAE Transactions.



provide flexible heating and cooling set points based on the preference of the occupants. The

second type is comprised of overhead radiant panels, as shown in Figure 1.2, which are used for

spaces located away from the windows.

ot
d
3

Figure 1.1 The Radiant Mullions in the IW

|

Figure 1.2 The Overhead Radiant Panels



These two types of radiant panels are used for cooling in summer and heating in winter.
Chilled water currently is supplied by the campus loop, and hot water is supplied by a steam-to-
water heat exchanger located in the basement which uses the steam from the campus loop. The
IW chilled and hot water are switched in the same piping system between summer and winter,

which corresponds to a two-pipe system.

1.3 Radiant Heating and Cooling System

The radiant heating and cooling systems have gradually gained popularity in Europe in the
last decade and are frequently discussed in the United States. The discussions fall into two
categories. One is thermal comfort and energy savings benefits from the application of the
radiant heating and cooling (Brunk 1993, Busweiler 1993, Kulpmann 1993, Niu and Kooi. 1994,
1995, Behne 1995, Hodder et al. 1998, Imanari et al. 1999, Sodec 1999, Mumma 2001a, 2001b).
The other is the operation and control issues of this system (Simmonds 1994, 1996, Mumma
2002). Several pilot projects have been constructed to test the concept of the radiant cooling
system. A project which has been a frequent topic in publications appearing in recent years is a
3200 ft* educational office space in Pennsylvania State University which applied ceiling radiant
cooling panels with a passive desiccant system (Shank and Mumma 2001, Jeong et al. 2003).
The Intelligent Workplace is another pilot project using a radiant heating and cooling system.
The distinctive characteristic of the IW radiant system is the application of mullion heating and
cooling, which is one type of facade heating and cooling technology. The radiant mullions in the
IW are based on a German patent entitled Integrated Facade System Gartner (1968), Patent
number 1,784,864, which states that the heating device is formed by a hot water circuit which
extends through cavities of the vertical or horizontal metal section of an exterior wall or window.
This system is used to maximize the comfort level of spaces. Significant research has been done
regarding radiant heating and cooling. However, mullion heating and cooling (facade heating
and cooling) has received little attention in previous research. No detailed heat transfer models
or thorough analysis have been reported in the open literature.

Radiant cooling is not well accepted in the United States. Moisture condensation is a major
concern that restricts the application of radiant cooling. Theoretically, moisture condensation can
be reduced or avoided by controlling indoor humidity levels. Mumma (2001¢) and Niu (2002)
have addressed the condensation issues in a radiantly cooled office. The indoor humidity level is

determined by several factors such as indoor latent load, infiltration moisture, and moisture from



ventilation air. In the test case office, the IW, the ventilation air is provided by a solid desiccant
ventilation unit. A better understanding of the interaction among these factors and the solid
desiccant ventilation unit itself is necessary to ensure the safe operation of a radiant cooling

system.

1.4 Desiccant Ventilation System

Some researchers (Mumma and Lee 1998, Coad 1999, Khattar and Brandemuehl 2002) in
recent years have cast doubt on the capability of humidity control of all-air systems and instead
have proposed the application of a dedicated outside air system (DOAS). The IW applied the
DOAS concept because the radiant heating and cooling panels do not possess the ability to
control humidity. The dehumidification of a radiantly heated or cooled space can be
accomplished by using either desiccants (solids or liquids) or cooling coils. Gatley (2000)
compared the economy of the application of these several forms of technology. He concluded
that conventional cooling with recuperative reheat systems offers a better choice when the
required dew point temperature is above 40°F, and the active desiccants are generally a better
choice when the dew point temperature is below 40°F. The ventilation air of the IW was supplied
by a passive desiccant unit before winter, 2005, which supplied 100% outside air for the indoor
space. In the winter of 2005, the passive desiccant unit was replaced by an active desiccant
ventilation unit. The new active desiccant ventilation system circulates some return air with the
outside ventilation air. Detailed information and a literature review is provided in Chapters V
and VIIL The focus of analysis of the desiccant ventilation unit in this dissertation will be on the
energy efficiency and performance of the integrated system under different infiltration

conditions.

1.5 Research Motivation

The Intelligent Workplace provides a good demonstration of a low energy building that
applies many emerging technologies such as facade heating and cooling, radiant ceiling panels, a
DOAS system with a desiccant wheel, and powered curtains and shading. The IW AC system
provides good indoor air quality for its occupants. The average energy consumption of the IW is
only two-thirds of that of a similar building in the same climate zone. However, a low energy
building is not just the result of applying one or more isolated technologies, but rather is a result
achieved by enhanced integrated system performance. There are still some problems in the

operation of the integrated AC system in the IW during the past several years, such as



insufficient cooling and condensation in summer. The motivation of this dissertation is to
investigate the fundamental reasons for these problems by performing the following work. First,
the radiant mullions and panels in the IW will be modeled to evaluate their performance and
contributions to indoor thermal comfort; second, this research will simulate the integrated system
to assess the energy efficiency and identify those problems that most affect the energy efficiency

of the studied space.

1.6 Objective
Radiant heating and cooling have the potential to reduce energy consumption in buildings.
They offer a prospective alternative to the currently overwhelming use of air heating systems.
Although extensive research has been done on radiant heating and cooling, there are still several
aspects that have not been thoroughly studied or fully understood. This dissertation aims to
enhance the understanding of the heat transport physics of facade heating and cooling, the effect
of infiltration on indoor moisture levels in a radiantly heated or cooled office, and the integrated
system performance. The following aspects will be studied:
= Heat transfer models for mullion heating and cooling.
= Heat transfer models for overhead radiant panels.
= The impact of the position of radiators and ventilation rates on energy consumption and
thermal comfort.
®= Indoor humidity analysis of a radiantly cooled office integrated with a desiccant
ventilation system under various infiltration conditions.
= Infiltration investigation.
= Performance analysis of the integrated sensible heating and cooling system with a

desiccant ventilation unit.

1.7 Methodology
The above objectives can be accomplished by the following activities:
®= Analyzing the fundamental heat transfer of mullion radiators along the flow direction
and solving for mullion and window surface temperatures numerically. The simulated
surface temperatures are compared with the measured data to verify the model.
= Studying the radiation, convection and conduction on each surface of a simplified
radiantly heated office case to evaluate the heating load of the office with two different

radiator positions, and numerically solving the mean radiant temperature distribution and



air temperature distribution to understand the impact of window radiators on indoor
comfort.

= Studying the infiltration of IW by site measurement, and analyzing previous CO,
measurement data.

= Simulating the IW by DOE2.1 to obtain hourly building loads and simulating the
integrated radiant heating and cooling system by FORTRAN coding. Hourly building
loads and weather data are used as an input for the integrated system model. Integrated
system simulation models are run to evaluate the performance of the integrated system
with a passive desiccant ventilation unit and an active desiccant ventilation unit,

individually.

1.8 Description of Dissertation Chapters

This dissertation is organized in the following order. Chapter II describes the modeling of
window mullion radiators and verifies the mullion model with measured data. Chapter III
presents the heat transfer model of ceiling radiant panels. Chapter IV studies the impact of the
different positions of the radiators on heating loads and thermal comfort based on two simplified
cases. This chapter is helpful for understanding the different functions of the radiators studied in
Chapters II and III. Chapter V studies the indoor humidity and condensation control in the space
conditioned by a radiant heating and cooling system integrated with a desiccant ventilation unit.
This chapter identifies the infiltration rate as a critical variable in controlling the condensation
problem when radiant cooling is used in summer. Chapter VI investigates the possible range of
the infiltration rate in the IW. Chapter VII studies the energy performance of the integrated
sensible heating and cooling system with a desiccant ventilation unit. This chapter uses the
infiltration study results from Chapter VI and compares the energy consumption of the integrated
system with that of a single duct VAV air heating and cooling system. Chapter VIII provides the
observations and conclusions resulting from this research. The literature review tied to each topic

is provided in the individual chapters.



CHAPTER I

THE PERFORMANCE STUDY OF RADIANT MULLIONS

2.1 Introduction

The Intelligent Workplace (IW) uses heated mullions as its heating source in the winter. The
system can also be used for cooling in the summer. The mullion heating and cooling system is
based on a German patent entitled “Integrated Facade System Gartner.” The advantages of this
system are an enhanced comfort level and quiet operation. Many research studies have been
done regarding the heat transfer model of windows (Muneer et al. 1997, Omori et al. 1997,
Larsson et al. 1999, Collins et al. 2000, Collins 2004), but no publications on modeling and
performance evaluation of mullion heating and cooling have been found in the open literature.
Because the mullions are actually radiators and are located only centimeters from the window
glazing, the heat transfer processes between the mullions and the window glazing, window
frames, room surfaces and inside air are complicated. Understanding these principles is
important for an accurate simulation of the IW Energy Supply System (IWESS). This chapter
studies the heat transfer process of window mullion radiators. One model has been developed for
the mullion heating and cooling simulation and has been verified by measured data. The

simulated results match the measured data very well.

2.1.1 Mullion Heating and Cooling System

Mullion radiators and overhead panels were the only available heating devices in the IW in
the past several years. Currently, only mullions are used for heating. The simplified system is
shown in Figure 2.1. In winter, hot water is produced by a steam-water heat exchanger and is
circulated between the mullions and heat exchanger by hot water pumps. Steam is supplied by
the campus loop. In summer, chilled water is supplied by the campus loop and is circulated by
the chilled water pump. The heat exchanger, hot water pumps and chilled water pump are all
located in the basement. There is another 33-gpm mullion pump located on the roof of the fourth
floor and underneath the IW. The mullion pump provides the additional pressure needed to
overcome the head loss in the mullion system. There are 26 groups of mullions in the IW. Each
group has four mullions controlled by one control valve. The mullion pump currently runs at

about 24-gpm during the daytime schedule.
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2.1.2 System Control
Currently, the IW mullion system is the only user of the hot water produced by the heat
exchanger in the basement. The IW control system (Metasys) turns on the basement pump

(HWP1 or HWP2) if the average south zone and north zone indoor temperatures

T

( south + Tnorth

) are below the pump set point (60°F) or if the schedule calls for it. The Metasys

also turns on the fourth floor mullion water pump if the average indoor temperature

T

ouh T L0
(—ouh __—north ) 5 below the mullion water pump set point (60°F) or if the schedule calls for it.
The hot water supply temperature set point is based on the indoor and outdoor temperatures,

and on a comfort weighting factor. The hot water set point equation is:

TS

+T
Tyy s =(38—T0)*f0A+(72—M)*fm+1zo (2.1)

Tyw s is the hot water supply temperature set point. Tyun and T, are the indoor
temperatures of the south and north zones, respectively. f,, and f,, are outside and inside air

temperature weighting factors. The default values of these factors are both 1. The steam valve

modulates to maintain the hot water set point temperature at the outlet of the heat exchanger.

The three way control valve before the mullion pump continuously modulates to maintain
the mullion surface temperature set point. The mullion surface temperature set point is decided

by the following equation:

T.muth + Tlmrth + Tth
2 2.2)

mullion —s 2

2.2 Simulation Assumption

The mullion layout in the IW is shown in Figure 2.2. The mullions have a double tube
structure, which is vertically attached to the window frame by an aluminum fin. The outer tube is
aluminum. The inner tube is steel. The space between these two tubes is filled with epoxy resin.

The detailed window frame structure is shown on the left side of Figure 2.3.
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In order to set up an applicable model to evaluate the performance of the mullions, the space
around the mullion is simplified as an enclosure represented by dotted lines in Figure 2.3. The
dotted lines stand for an imaginary wall with a uniform surface temperature T;. The imaginary
wall is assumed to be infinitely long when calculating the view factors between the imaginary
wall and other surfaces in the enclosure. T; is assumed to be equal to the mean radiant
temperature (MRT) of the space (ASHRAE 2005). MRT is related to the indoor air temperature,
the ratio of window area to exterior wall area, and the size of the space. ASHRAE recommends
that the MRT should be equal to the room air temperature in a radiantly heated space. Gong and
Claridge (2007), studied the mean radiant temperature distribution in a mixed radiant and air
heated office. Their results showed that the mean radiant temperature would be 0 - 2 °F higher
than the room air temperature, depending upon the location of the radiator in a 100% radiantly
heated space. In the current simulation, the MRT is assumed to be 0.5 °F higher than room air

temperature in the heating model.

The detail of the window frame is complicated. The window frame is an aluminum structure
with a one-inch thermal gap. The U value of the frame is approximately 0.49 Btu/( ft*-hr-F ). On
the left side of Figure 2.3, one of the common frame structures is shown. In this simulation, the
window frame and mullion are simplified, as shown on the right side of Figure 2.3. The window

frame is assumed to have a uniform thermal resistance of R=2.04 (ftz—hr—oF )/Btu.

The windows in the IW are double paned with an air space of %2 inch and a low e-coating.
The typical U value of this kind of window in the heating season is 0.32 - 0.436 Btu/( ft*-hr-'F )
(ASHRAE 2005). The measured data suggest that 0.43 Btu/( ft>-hr-F ) is close to the real U
value in winter conditions. The corresponding R-value of the window is 2.295 (ft2-hr- F)/Btu.
To evaluate the impact of the mullion radiators on heat transfer at the window surface, this
thermal resistance has been decomposed into three parts: inside surface resistance (around 0.68
( ft-hr- F ) /Btu), conductive thermal resistance (1.365 ( ft-hr- F )/Btu), and outside surface
resistance (around 0.25 ( ft*-hr-F )/Btu). The surface resistance varies with the surface
temperature and radiant heat exchanges with other surfaces. Therefore, the inside and outside
surface resistances are evaluated based on the operation and weather conditions instead of using

a constant value.

The mullions have a double tube structure. The inner tube is steel and the outer tube is

aluminum. Epoxy resin fills the gap between the inner tube and the outer tube. The total thermal
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resistance of the double tube is estimated to be 0.03 - 0.08 (ftz—hr—oF)/Btu (U value of 12.5 - 33
Btu/(ftz—hr—oF)). The calibrated simulation has shown that the thermal resistance of the walls of
the double tubes is close to 0.0406 (ft>-hr- F)/Btu. The hot water flowing inside the mullions is
assumed to be a fully developed flow and the entrance effects are ignored. The hot water is

assumed to be evenly distributed in all the mullions in the IW.

Detailed Window Frame and Mullion Simplified Window Frame and Mullion

Figure 2.3 Detailed Window Frame Structure and Simplified Calculation Model
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The major dimensions and parameters used in the mullion models are:

Window frame U value: 0.49 Btu/(ft>-hr-F)

Wall overall U value: 0.049 Btu/ (ft-hr-'F)

Mullion outer tube: OD=1.315 inches, ID=1.049 inches
Mullion inner tube: OD=0.84 inches, ID=0.6296 inches
Mullion fin length: 1.8363 inches

Window frame width: 3 inches

Window frame shoulder height: 3 inches above the glass (indoor side)
Window height: 7 feet 5 inches

Window width: 3 feet 11 inches

Hot/cold supply/return pipe diameter: 1.5 inches

Insulation thickness of pipe: 0.5 inches

2.3 Heat Transfer Models for Mullion Heating and Cooling System'

As show in Figure 2.2, five surface temperatures are assumed to be in the enclosure: tube
surface T, window glass surface T,, imaginary wall surface T;, window frame surface T, and
tube fin Ts. The imaginary wall surface T; is assumed to be constant. At steady state, each
surface exchanges radiant heat with the other surfaces and convectively exchanges heat with
room air. The window glass and frame also lose heat to the outside environment by conduction.

The heat is supplied to the enclosure by hot water flowing inside the mullion tube.

There are two basic heat transfer models in the above control enclosure. The first model is
the surface temperature model, which is used to solve for the tube surface temperature T, and the
window glass surface temperature T,. The second model is the mullion “T” shape fin model,
which considers the mullion fin and window frame to be one integrated part. This model is used
to solve for fin surface temperature, window frame temperature, and conduction heat loss from

the mullion surface to the fin and window frame. These two models are coupled together.

" The system is described when the heating process is engaged. It also applies to cooling with appropriate
changes in terminology and flow direction, unless otherwise stated.
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2.3.1 Surface Temperature Model

The objective of the first model is to determine the convection and radiation heat transfer
coefficients in order to solve for the surface temperature. The convection heat transfer coefficient
is determined by the temperature difference between the wall surface and the room air. The
radiation heat transfer coefficient is decided by the average temperature level of the two
corresponding surfaces, as shown in the following equations. The units of temperature and heat
transfer coefficients are °R (which is used for radiant heat transfer coefficient calculation) and

Btu/ (ftz—hr—oF). Please refer to the nomenclature for symbol definitions.

h =0.26(T, —T,)"* (2.3)
h,, = 4¢eoT,, (2.4)
T, =0 ;Ts 2.5)

In the equations above, h. is the convection heat transfer coefficient and h;; is the radiant heat
transfer coefficient. T is the surface temperature. T, is the average temperature of surfaces s
and i. If all surface temperatures are assumed to be uniform, the energy balance equation for the

window glass can be written as:

ﬂ + hc,w,»,, (Ta _Tz) i Zme?igo_aTi _T24) =0 (26)

win

Fiini is the view factor from the window glass to the enclosure surface i. T, is the window
glass inner surface temperature. The energy balance equation for the tube surface can be written

as:

g, =h_,(T,=T,)+ Y F_h (T, -T)+q,, (2.7)

where ¢ s is the conduction heat flux at the fin base. qY is the heat supply from hot water,

which can be determined from Equation (2.8).

Q: = hin (T

ins

-T,) (2.8)

T;s is the inside surface temperature of the inner tube, T, is the bulk temperature of the hot water,

and h;, is the convection heat transfer coefficient at the inner surface of the tube. For one
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differential length, dL, in Figure 2.4, ‘15 also equals the enthalpy change of the fluid in the

differential length dL as shown in Equation (2.9).

daT,
~-T,)=m#*C,*—= (2.9)

h,, (T,
dL

ins

h;, can be calculated by Equation (2.10). The Nusselt number can be determined using Equations

(2.11) and (2.12) for the turbulent flow and the laminar flow, respectively.

p, = NUED, (2.10)
K
i(ReD— 1000) *Pr  (for turbulent flow) (2.11)
NU,=-38 :
1+ 12.7[fJ2(Pr3— 1J

8
NU =4.364 (for laminar flow) (2.12)
Re=VP (2.13)

v
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Figure 2.4 Window Mullion
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Assuming the conductive thermal resistance from the inside surface of the inner tube to the
outside surface of the outer tube is R,, the heat flux from the fluid to the inside surface of the
inner tube will equal the heat flux from the inside surface to the outside surface of the mullion

tube, which can be expressed by the equation:

. T -T,

qé‘ =" t= hin (Y;HS _Tb) (2 14)
t
The inner surface temperature T;,s can be solved as:
T —R *h_*T,
=t (2.15)
1 - Rthin
While q3 can be expressed as:
g =@ =1 (2.16)
‘ 1 - Rt * hin

If the differential length dL is small enough (less than 1 inch), the bulk fluid temperature, Ty,
can be seen as equal to the differential inlet temperature of the fluid. In a differential calculation,
this Ty, can be assumed to be known. Substituting Equation (2.16) into Equation (2.7), we obtain

the equation

Sl Z ) (=) R F (T =T+ 17

In the enclosure of Figure 2.2, T; is known. T4 and Ts are considered to be surface

temperatures of the T shaped fin, and can be solved by the T shaped fin model. qﬂn can also be

obtained from the T shaped fin model. By guessing the heat transfer coefficients, the unknowns
in the enclosures would be the mullion tube surface temperature T, and the window glass
temperature T,. By combining Equation (2.6) and Equation (2.17) as a two-equation matrix, T,
and T, can be solved using a small differential length. Once the surface temperature is solved,
the heat transfer coefficients are then recalculated and submitted to the first and second models

to again solve for surface temperature. The process is iterated until the heat transfer coefficient
converges; then the heat flux, qv, is calculated for the differential length. Once qY of the

differential length is obtained, the fluid outlet temperature can also be found. The fluid outlet



16

temperature of one differential length will be used as the inlet temperature of the next differential
length. By dividing the mullion double tubes along the flow direction into a certain number of

differential lengths, the temperatures of the mullion tube surface and the window glass surface
can be solved numerically. The heat input of one mullion can be found by summing qb *dA of

all the differential segments along the flow direction.

2.3.2 T Shaped Fin Model
In the first model, the ability to determine the mullion surface temperature T, and window

glass temperature T, depends upon the ability to determine fin surface temperature Ts, frame
temperature T4 and the heat flux at fin base, qu . These temperatures can be solved using the fin

model. Because the fin and window frame are one aluminum part, they are treated as a T shaped
fin. The two shoulders of the window frame can be seen as the extension of the “horizontal bar”

of the T shaped fin.

The T shaped fin can be simulated as two parts. The first part is the fin of L1 (the vertical
part) in Figure 2.5. The second part is the window frame surface (the horizontal part) in Figure
2.5. Assuming that the overall heat transfer coefficient on the surface of part 1 is U, and
applying the energy balance on a differential length, dy, of the part, the following differential
equation can be obtained:

d’T _2*U,, *(T-T,)

(2.18)
dy’ k *thk

Using a differential equation to express the heat transfer model of the real window frame, as
shown in Figure 2.3, is almost impossible. However, if the overall heat transfer coefficient from
the inside surface of the window frame to the outside air is assumed to be U, the window frame
surface can be simplified as a fin with an inside overall heat transfer coefficient of U, and an
outside overall heat transfer coefficient of U,,. By applying the energy balance for a differential

length of the window frame, the differential equation can be obtained as:

d2T_Uin2+U0utT_Uin2*Ta+U0ut*To (219)

dx’ k * thk k * thk
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L1

thk

Figure 2.5 Simplified Calculation Diagram for Window Mullion

In order to simplify the calculation, the thicknesses of parts 1 and 2 are assumed to be the
same. The tip condition of part 2 is assumed to be adiabatic. The boundary conditions for

Equations (2.18) and (2.19) are:

Y=0, T=T, (2.20)
Y=L, T, , =T, (2.21)
IT| 59T (2.22)
Y|, X
aT,  _, (2.23)
aY Y=L2

The general solution of governing Equation (2.18) is:

0, =Ce” +C,e ™ (2.24)

6, =T -T, (2.25)

L [2 U, ]‘) (2.26)
k * thk

The general solution of governing Equation (2.19) is:
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6, =C,e" +Ce™ (2.27)
0,=T-T, (2.28)
r, =55 (2.29)
S/
g - (UHU " (2.30)
: k * thi
s _(UM T, + U, T] (2.31)
P k * thk

Applying boundary conditions (2.20) and (2.21) to Equations (2.24) and (2.27), the constants
C,, C,, G5, C4 can be solved as shown in Equations (2.32) - (2.35). The temperature distribution
along the T shaped fin can be calculated with Equations (2.24) and (2.27) after solving for C,, C,,
Cs, and C, as:

c = (25T, —28,*T, +6 *are ™M =26%8, % e N + (28, 4T, =28, *T, +6 *a*e " +26,%8, *e e (2.32)

1 s SFL2 s —SFL2 —S*L2 s SFL2 #L1 s SFL2 s —SFL2 s —SFL2 SFL2 #L1
(a*e ™ ta*e™ " =28 *e 428, Fe e T H(atet T Fate 28, e T =28, ke T )e

c (25T,

1 +28, 5T, +6 Fa*e™ +26, %S, *e ™ )e " +(28, ¥ T, +28, *T, + 6 *a*e™ —26%5, % e (2.33)
2

(a*es,*Lz +ate 12 —28,* o512 +28,% eS,*LZ) o4 +(a* SR 4 g pSTL2 +28,* o512 _ o S, * eS‘*LZ) o

(29] +Ta*ea*L] +]-:l >ke—a*L] _rI;Il *eu*L] -T

. * efu*Ll) * gk e—sl*LZ (234)

= S*L2 —S,*L2 —=S,*L2 S*L2 * S*L2 —S,*L2 —S*L2 S*FL2N —a*,
(a*e’™? taxe™? =28, ¥ 428, %)™ (a* e a*e T 428, % 228, * e )

3

*LI —a*L1 L1 —a*L1 S*L2
QO AT, "e" " +T,*e "~ —T,*e" " —T,*e " ") a*e” (2.35)

= S*L2 —S,*L2 —S,*L2 S*L2 * S*L2 —S,*L2 —S*L2 SFL2N —a*,
(a*e® ™ +a*e™ " =28 % 428, #5 e 4 (a* ¥ +ake T 428, ¥ N =28, x5 e !

G,

In the equations above, 8, =T, —T,. T, is the mullion tube surface temperature. Once the
temperature distribution along the fin is known, the conduction heat flux at the fin base, g fin» AN

be solved by Equation (2.36). Correspondingly, the average temperature of the fin (Ts) and the

window frame (T4) can be found by using integration methods. By substituting g ;,, Ts, and Ts

into the surface temperature model, the first model can be solved.

oT
75, = (thk * dL)— 2.36

Y=0
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In the fin model, the overall heat transfer coefficients U,,; and U,,, are the summation of the
convection heat transfer coefficient and the weighted radiation heat transfer coefficient. The

overall heat transfer coefficient can be found by the equation:

U=h+)Y f *h, (2.37)

where h. is the convection heat transfer coefficient at the studied surface, f;is the view factor

from the studied surface to another surface, i, in the enclosure, and hr; is the radiation heat

transfer coefficient from the studied surface to another surface, i, in the enclosure. /_and hr; are

decided by the surface temperature differences, as shown in Equations (2.3) and (2.4). The
radiant temperature is assumed to be the same as the air temperature in order to simplify the fin

model calculation.

2.4 Comparison of Simulated Results with Measured Data

The heat transfer models introduced in the previous section combined numerical analysis
with theoretical analysis methods. A program has been written based on these models. The
program uses hot water supply temperature, flow rate, indoor zone temperature and outside air
temperature as inputs to calculate mullion system hot water return temperature, mullion surface
temperature distribution (tube surface and fin surface), window frame temperature distribution,
window surface temperature distribution, and heat input by the mullion system. The program

calculates the average mullion and window surface temperatures (T,T,,T4 and Ts in Figure 2.2).

The mullion system operation data are recorded by the IW operation engineer. The available
measured data were collected from February 24, 2006, to March 4, 2006. The data were trended
every 30 minutes by the IW engineer. During the 10 day measurement period, the system was
shut down either by the control system or manually for certain periods of time. When the system
is down, a small amount of hot water runs through the system due to mullion valve leakage. The
measured data, during the system shut downs show a large variation in mullion and window
surface temperatures for different window orientations. The reason appears to be that hot water
is unevenly distributed among the parallel mullions when the flow rate is very small. This part of
the measured data is not used in the analysis because the data do not reflect the normal operating

conditions. The measured mullion temperatures at the north window are used for comparison
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with the simulated data, because sensors in this window receive fewer disturbances due to

occupant activities and radiation than in other windows.

The measured data are compared with simulated results. The simulated hot water return

and window surface temperature? . , have

win *

mullion surface temperature T’

mu

temperature T’

ret >

been found to be sensitive to several input parameters such as hot water supply temperature T},

ws ?
conductive thermal resistance of double tube R,, window frame heat transfer coefficient U, and

window glass conductive thermal resistance Ry;,. These parameters are adjusted using regression

2 o 0
to obtain the best results. At g :0_0406M s u,, =0_49M and
Btu Btu
2 o
R =1.365M, the simulated results match the measured results very well. The

win

Btu
sensitivity study is described in the discussion section of this chapter. The final simulated results

are shown below.

2.4.1 Hot Water Return Temperature

Figures 2.6 and 2.7 show the comparison of the simulated results with the measured results
as a time series and as a function of supply water temperature, respectively. The simulated
results are quite consistent with the measured results. Figure 2.7 indicates that the return water
temperature is close to a linear function of the supply water temperature. This indicates that the
mullion return water temperature can be estimated based on the supply water temperature, when

the indoor air temperature remains relatively constant at 72°F.
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Figure 2.6 Measured HW Return Temperature vs. Simulated HW Return Temperature
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Figure 2.7 Measured and Simulated HW Return Temperatures as Functions of HW Supply
Temperature
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Figure 2.8 Residuals of Hot Water Return Temperature as a Function of Hot Water Supply
Temperature

Figures 2.8 and 2.9 show the residuals of the hot water return temperature. The residuals are
defined as the simulated results minus the measured results. The root mean square error (sample
deviation) of the simulation residuals is 0.9°F. Figure 2.8 shows that the residual trend line has a
non-zero slope when the residuals are plotted as a function of the supply water temperature. The
non-zero slope may point to a factor or parameter other than the supply water temperature, which
also affects the simulation errors. Figure 2.9 shows that the residual trend line slope is close to

zero when they are plotted as a function of the difference between supply temperature and zone
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temperature. The flat slope indicates that the return water temperature may be more accurately
modeled as a function of the difference between supply temperature and zone temperature.
Figure 2.9 considers the effects of the zone temperature (average temperature of the south zone

and the north zone) on the simulation results.
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Figure 2.9 Residuals of Hot Water Return Temperature as a Function of the Difference Between
Supply Temperature and Zone Temperature

2.4.2 Mullion Surface Temperature

The program calculates the temperature distribution along the mullion tube, fin and window
frame. The output surface temperatures are the average values of the temperatures of these
surfaces. All the mullion temperature sensors in the IW are installed on the fin surface at a height
of 38cm (15 inches) above the floor. Therefore, the fin surface temperatures at the sensor points
are used as the mullion surface temperatures in this chapter in order to compare those values

with the measured mullion temperature at the same point.

The measured and simulated mullion surface temperatures are plotted in Figures 2.10 and
2.11, as a function of the hot water supply temperature and the mullion temperature set points.
The simulated temperatures match the measured temperature very well except for some outlier
points. Figure 2.10 shows that mullion surface temperature is close to a linear function of the hot

water supply temperature. The mullion surface temperatures are controlled by the set points of
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the average zone temperature and the supply water temperature. Figure 2.11 shows that the

mullion surface temperatures are also a linear function of the mullion temperature set points.
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Figure 2.12 Residuals of Mullion Surface Temperature as a Function of Mullion Temperature
Set Point
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Figure 2.13 Normal Probability Plot of Mullion Temperature Residuals
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Figure 2.14 Histogram of Mullion Temperature Residuals

The residuals plot in Figure 2.12 shows that the simulation residuals are nearly evenly
distributed along the x-axis. The small non-zero slope may be caused by a sensor error or errors
in estimation of the thermal conductivity of the mullion tube and fin. The root mean square error
of the mullion surface temperature (sample deviation) is 0.98°F. The probability plot and
histogram of the mullion temperature residuals are shown in Figures 2.13 and 2.14. Figure 2.13
indicates that the residuals are normally distributed with two small tails. The histogram in Figure

2.14 also confirms that the simulation residuals are close to normally distributed.
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Figure 2.15 Measured vs. Simulated Window Surface Temperature as a Function of the Outside
Air Temperature
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2.4.3 Window Surface Temperature

The simulated and measured window surface temperatures are plotted in Figure 2.15 as
functions of the outside air temperature. Both measured and simulated data are scattered, which
means that other factors also have an impact on the window glass temperature. The root mean
square error of the window temperature simulation is 1.15°F. The window glass temperature
sensor on the north window is located 8 inches from the bottom edge of the window and 3 inches
from the edge of the window frame. The type of surface sensor is a T type thermal couple
embedded in a copper block. The relative error of the thermal couple itself is approximately
0.75% above 32°F, and 1.5% below 32°F (www.omega.com). The maximum error should be
less than 0.2°F in winter and less than 0.5°F in summer. The structure of the sensor eliminates
the partial influence of radiation, and the reading is close to the average window surface
temperature. The window surface temperature in the simulation output is the average
temperature of the window. Figure 2.16 shows the residuals of window inside surface
temperature simulation. The residuals are nearly evenly distributed along the x-axis. The error of
the thermal couple sensor or the estimation of the thermal conductivity of the window glass may

cause the small non-zero slope.

Window Surface Temperature Simulation Residues
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Figure 2.16 Residuals of the Window Inside Surface Temperature

2.4.4 Mullion Fin and Window Frame Temperature
Figure 2.17 shows the simulated average temperature of the mullion fin and the window

frame. The figure indicates that the fin surface temperatures are close to the window frame
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temperatures when the hot water temperature is low. When the water temperature is high, the fin
temperature is slightly higher than the window frame temperature. At a hot water supply
temperature of 125°F, the difference between the average fin temperature and the average frame
is about 2°F. The simulation results illustrate the benefits of mullion heat. The temperature of the
aluminum window frame is increased. The increased window frame surface temperature

enhances the comfort level of the indoor space.

Simulated Fin and Window Frame Surface Temperature
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Figure 2.17 Simulated Fin and Window Frame Temperatures

2.5. Heating Capacity of Mullion Radiators

From the above comparison, it was found that the hot water return temperature, mullion
surface temperature and window frame temperature are all quasi-linear functions of the supply
water temperature. Therefore, the above three parameters can be approximately predicted by
knowing the hot water supply temperature.

Once the hot water return temperature is known, the heat input by the mullion system can be
easily calculated by the following equation. The performance table of one mullion at the heating

condition state is shown in Appendix 1.

g=m=*C, *(T,, —T,) (2.38)

2.6. Cooling Capacity of Mullion Radiators
The above model can also be used for cooling calculations. In the cooling model, the room

radiation temperature may be the same as the room air temperature (ASHRAE 2005) or higher
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than the room air temperature depending upon the geometry and window size of the thermal
envelope. Kilkis (1995) studied the average mean radiant temperature under radiant cooling
conditions. The average uncontrolled surface temperature, AUST, was used as an indicator of the
mean radiant temperature in his study. He developed the following correlation:

7
T -45
In the equation (2.39), the temperature is in °C. The constant ¢ is 0.5 for a room without

AUST =T, —c*

T, <45C (2.39)

outdoor exposure. It is 1 for a room with one side exposed to the outdoors and a fenestration less
than 5% of the total indoor surfaces. It is 2 for a room with one side exposed to the outdoors and
a fenestration of more than 5% of the total indoor surfaces. If the room has two or more outdoor
exposed sides, c is 3. Based on this equation, the AUST (MRT) will be larger than the zone air
temperature, T, in Pittsburgh, PA. The summer average temperature in Pittsburgh, PA is around
68.6°F. To simplify the simulation, the MRT value based on equation (2.39) is 0.85°F higher
than the room air temperature. This corresponds to a MRT of 72.85°F when the room air is 72
°F in the cooling season.

Figure 2.18 shows the performance of a window mullion when cooling, assuming the outside
air temperature is 68.6°F and the room air temperature is 72°F. The chilled water return
temperature, T,, the tube surface temperature, Ty, and the window frame temperature, Ty, are
all linear functions of the chilled water supply temperature. Once the return temperature is
solved, the cooling capacity of the mullion system can be found by Equation (2.38).

The dew point of the indoor space is approximately 61°F at 50% RH with an air temperature
of 72°F. Figure 2.18 indicates that the cold water supply temperature can be no lower than 57 °F,

in order to maintain a mullion tube surface average temperature that is higher than 61°F.

Figure 2.19 shows that the total heat transfer coefficient under natural convection conditions
is 1.48-1.6 Btu/( ft*-hr-'F ) under cooling conditions. The performance table of one mullion

under the cooling conditions is shown in Appendix 2.
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Figure 2.18 Simulated Mullion Temperatures When Cooling

Heat transfer rate

18-
I A oS
14

1.2 1

0.8 1 ——Uo

(Btul(ft-hr-F))

06 EW S—hr
0.4 1
02 1

0 ‘ ‘ ‘
45 50 55 60 65

Heat transfer coefficient

Chilled water supply temperature °F

Figure 2.19 Heat Transfer Coefficients for the Cooling Model
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Typical winter and summer conditions assumed for the discussion in this section are a zone

temperature of 72°F, with a winter outside air temperature of 38°F and a summer value of 68.6°F.
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2.7.1 Window Surface Temperature

As discussed in the model section, the window surface temperature is assumed to be uniform
over one differential length when the radiation heat transfer between the mullion surface and the
window surface is calculated. However, the window surface temperature changes from the
window frame to the center of the window glass. During heating, the closer to the window frame,
the higher the glass temperature. Differentiating the view factor from the window glass to the
mullion at each numerical length, as discussed in the modeling section, allows the temperature
distribution along the horizontal direction to be found by an energy balance analysis. Figure 2.20
shows the temperature profiles of the window glass at four different hot water supply

temperatures.
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Figure 2.20 Window Temperature Profiles for Four Different Hot Water Conditions
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As shown in Figure 2.20, the higher the hot water supply temperature, the higher the window
edge temperature. The temperature variation from frame to center is higher when the mullion
radiation temperature is high. The variation is about 3'F when the hot water temperature is 120 F.
The variation decreases to 1 'F, when the hot water temperature is 90 °F. However, the
temperature at the center of the glass only increases by approximately 0.2 'F, as shown in Figure
2.21, when the supply water temperature increases from 90°F to 120°F. The inner window glass
has a large temperature gradient within 1 foot from the window mullion. The temperature

gradients in the two feet of glass in the center of the window are very small.

Table 2.1 Window Glass Temperature Variation at Four Different Hot Water Supply
Temperature Conditions with T,=38°F

To=120°F | Tp=110°F | Tpue=100°F | T},c=90°F
Edge 64.867 64.074 63.297 62.535
Center 61.706 61.622 61.539 61.459
Average 62.56 62.289 62.017 61.752
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(half of window height)
65.5
65.0
] 64.5 -
fd w ——Thws=120°F
5 ° 64.0 —8— Thws=110F
Sy
= © =t
28 630"
55 6251
'g =
= 62.0
=
61.5
61.0 T T T T T T T
0.0 0.5 1.0 15 2.0 2.5 3.0 3.5 4.0
Window Horizontal Length(Ft)

Figure 2.21 Inner Surface Temperature Distributions at the Midpoint of the Window Height

Table 2.1 shows the maximum and minimum temperatures at the halfway mark of the

window height for four conditions. The overall average temperatures are also shown in Table 2.1.
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It can be found that the average temperature only varies about 0.8 ‘F, when the hot water supply

temperature varies from 90 F to 120 F.

2.7.2 The Effect of Space between Mullions

The space between two mullions has an insignificant impact on the heating capacity of each
mullion, which can be deduced from Table 2.2. The heating capacity of each mullion depends
upon the supply water temperature, the conductive resistance of each mullion and the total
surface area of the mullion radiator (the tube surface plus the fin), and is almost independent of
the space between the two mullions. However, the space between the two mullions affects the
inside temperature distribution of the window glass. Figures 2.20 and 2.21 show that the inside
glass temperatures within one foot from the mullions are affected by mullion temperature. When
mullion spacing is small, a greater percentage of window glass surface will be affected by the
mullion temperature. The average inside surface temperature of the window glass will be slightly
increased. Table 2.2 shows the heating capacity and surface temperatures for four different
mullion spacings. It can be seen that the surface temperatures are almost the same at four

mullion spacings or window widths. The average window temperature is affected slightly.

Table 2.2 Mullion Performance at Different Window Widths

[Window Width (Mullion Space) L=3.5ft L=4.0ft L=4.5ft L=5.0ft
[Hot Water Supply Temperature 'F 120 120 120 120
Heating Input Per Mullion

(Btu/(hr*mullion) 801.036 801.500 801.614 801.710
Tube Surface Temperature F 107.886 107.884 107.882 107.881
Fin Surface Temperature 'F 103.390 103.388 103.387 103.386
Window Frame Temperature F 101.540 101.540 101.539 101.528
Average Window Glass Inside

Surface Temperature F 62.726 62.559 62.427 62.318

2.7.3 Mullion Fin Length
The mullion fin length affects the total heat transfer area. The heat transfer rate from mullion

to room air and window glass increases when the mullion fin length increases. The average
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window inside glass temperature will also increase. Table 2.3 compares the heating input per
mullion and surface temperatures at four different fin lengths when the hot water supply
temperature is 120°'F. Table 2.3 shows that the heating input to the indoor space increases with
an increasing mullion fin length. The heating capability will increase about 5% when the fin
length increases by 15mm (0.59in) from its current value of 45mm (1.83in). The window frame

temperature and average fin surface temperature decrease when the fin length increases.

Table 2.3 Mullion Performance at Different Mullion Fin Lengths

L=30mm | L=45mm L=60mm L=75mm
Mullion Fin length (1.18in) (1.83in) (2.36in) (2.95in)
Hot water Supply temperature 'F 120 120 120 120
Heating Input Per Mullion
Btu/(hr*mullion) 764.40 801.30 824.636 848.77
Tube Surface Temperature F 108.41 107.89 107.54 107.23
Fin Surface Temperature F 105.74 103.40 101.84 100.00
Window Frame Temperature F 103.21 100.5 98.42 96.27
Average Window Glass Inside
Surface Temperature F 62.38 62.56 62.70 62.86

The length of the mullion fins is not only decided by the heating load, but also by the space
available and the window appearance. A long fin will make some space close to windows not as

useful, and affect the overall aesthetics of the indoor space.

2.7.4 Thermal Conductivity of Mullion Double Tubes

The thermal conductivity of the mullion double tubes is a primary factor affecting the
heating capacity and surface temperature of the mullions. The double tubes and gap-filling
material are used to control the surface temperature of the mullion. The total mullion tube
conductive thermal resistance can be varied by using different gap-filling materials. The filling
lowers the mullion heating capacity. However, when the mullion is used for cooling, the double
tube structure and gap-filling material will increase the mullion surface temperature and reduce

the risk of moisture condensation on the mullion surface.
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Heating Capability at Different Supply Water Temperature
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Figure 2.22 Heating Capacity of Mullions at Four Different Values of Tube Wall Thermal
Resistance

Figure 2.22 shows the mullion heating input to the space at four different values of tube wall
thermal resistance. From this figure, it can be seen that the heating capacity of one mullion can
increase about 11% if the conductive resistance of the tube is reduced from 0.04 ( ft*-hr- F )/Btu
to 0.02 ( ft*-hr-'F )/Btu. The mullion heating capacity will decrease about 9% if the conductive

resistance of the tube increases from 0.04 ( ft*-hr- F )/Btu to 0.06 ( ft*-hr- F )/Btu.

Figure 2.23 shows that the mullion tube surface temperature varies dramatically with
changes in mullion tube thermal resistance. The tube surface temperature can increase about 4°F,
if the conductive resistance of the tube decreases from 0.04 ( ft*-hr-'F )/Btu to 0.02 ( ft*-hr-

°F )/Btu at a hot water temperature of 125°F.
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Figure 2.23 Mullion Tube Surface Temperature at Four Different Values of Tube Wall Thermal
Resistance

2.7.5 Window Frame Thermal Conductivity

The current window frame has a one-inch insulated thermal gap. The typical thermal
conductivity of this type of window frame is about 0.49Btu/( ft>-hr-'F ). The corresponding R-
value is 2.04( ft-hr- F )/Btu. The thermal resistance of the window frame affects the heat loss
from the inside to the outside. Figure 2.24 shows that the heat input from the mullion increases
about 9% when the window frame thermal resistance drops from 2.0 ( ft*-hr-'F )/Btu to 1.0( ft>-
hr-'F )/Btu. The window frame temperature also drops from 104.3°F to 101.7°F, because the
conduction heat loss increases. However, when the thermal resistance of the window frame
increases from 2.0( ft*-hr-F )/Btu to 3.0( ft>-hr- F )/Btu, the heat input from a mullion only
decreases about 3%. The change in heat input from a mullion is not a linear function of the

change of window frame thermal resistance.
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Mullion Heating Capability at Different Supply Water
Temperature
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Figure 2.24 Heating Capacity of Mullions at Four Different Window Frame Thermal
Resistances
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Figure 2.25 Window Frame Surface Temperature at Four Different Window Frame Thermal
Resistances

Figure 2.25 shows how the window frame temperature varies with different window frame
thermal resistances. At a hot water temperature of 125°F, the frame temperature drops about
2.6°F when the frame resistance decreases from 2.0( ft*-hr-'F )/Btu to 1.0( ft*-hr- F )/Btu. The
frame temperature increases about 0.9°F when frame resistance increases from 2.0( ft*-hr-

‘F )/Btu to 3.0( ft*-hr-'F )/Btu. The change of frame surface temperature is not a linear function
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of the change of frame thermal resistance. The smaller the window frame thermal resistance, the
larger the temperature drop from mullion tube to the frame and the higher the heat loss from the

window frame to the outside air.

2.7.6 Effect of Solar Radiation

The incidence of solar radiation on the window surface varies with the orientation of the
windows, the location of surrounding buildings, and the season. Solar radiation definitely affects
window surface temperatures and the building load. It is very difficult to evaluate the effect of
solar radiation on all window surfaces. The south and west-facing windows gain significant solar
radiation in the winter when the outside louver of the IW is at an angle of 90° - 145°. The north
and east-facing window gain much less solar radiation in winter. Because of the effect of solar
radiation, the measured window inside surface temperatures at different orientations vary by up
to 6°F, which includes errors with the sensors. In the summer, the solar radiation seldom strikes
directly on the surface of the windows because of the louver shades. Thus, variations in the
window surface temperature should be smaller. Solar incidence rarely affects the mullions

because of the shading of the window frame.

Window surface temperature at two different solar condition
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Figure 2.26 South Facing Window Inside Surface Temperature at Two Different Solar
Conditions



38

Mullion Heat Output at two different solar condition
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Figure 2.27 Mullion Heat Input at Two Different Solar Conditions

To evaluate the effect of the solar radiation on the window surface, the following
assumptions were made: (1) The window faces south; (2) The average Pittsburgh in January
radiation, 960 Btu/(ftz*day), is equal to an average of 80 Btu/(ftz*hr) in daytime; (3) all window
areas face the sun; (4) The outside air temperature is 38°F and the zone air is 72°F; (5) The

absorption of the outside layer of double panes is 0.2 (ASHRAE 2006).

The simulated results are shown in Figure 2.26. For a south-facing window, the average
inner glass surface temperature increases about 1.0°F when the whole south-facing glass can see
the sun in winter. Figure 2.27 illustrates that the mullion heat input to the space is almost the

same, with or without the presence of solar radiation.

2.8 Performance Correlations for the IW Mullion Heating and Cooling System
The performance of IW mullion system can be estimated by the following equations, which

are based on the analysis of the detailed simulation results.

At the heating condition:

T

retQ

=0.7845%T, +15.369 (2.40)

T, —380

D, =72 *[0.0268 : . 0.1351} (2.41)
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. 3 . 2 .
02:0.3199*[ i } —1.0182*[ n } +1.1185*[ n }+0.5798 (2.42)
0.23 0.23 0.23

T,=D,% {(0.0268 * T”W’4—(_)80 + 0.1351j *T + D, + Tmo} (2.43)

At the cooling condition:
T,,=0.8067*T, +13.485 (2.44)
D, =-72 *[(%)*(—0.0166 )+ 0.1577 } (2.45)

. 3 . 2 .
DZ:—O.Z*[ ~ +0.6406*[ ~ j —0.71%| -2 j+1.2694 (2.46)
0.23 0.23 0.23

T, =D,* KTz—;“S #(~0.0166) + o.1577j “T, + D, + Tmo} (2.47)

Qrotctl = mroml g 4186 * (Thws - T;'eI) (248)

In above equations, m1 is the water flow rate passes through single mullion. 1, is the total

tota.
flow rate of mullion system. D, is room air temperature correction factor; D, is the flow rate
correction factor. The correlations described above only apply to the IW system, because they

are derived based on the dimensions and material properties of the mullions used in the IW.

2.9 Summary

This chapter studies the heat transfer principles of window mullion heating and cooling. Two
heat transfer models have been set up through differential analysis. The simulation results have
been compared with 10 day’s measured data. The comparison shows that the heat transfer
models predict the measured temperatures with a root mean square error (RMSE) of the hot
water return temperature, the mullion surface temperature, and the window surface temperature
of 0.90°F, 0.98°F and 1.15°F, respectively. The simulation study leads to the following
conclusions:

Hot water supply temperature and chilled water supply temperature are the primary factors

that affect the heating or cooling capacity of window mullions and the mullion surface
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temperature. Hot/chilled water return temperature, mullion surface temperature and window
frame temperature are all quasi-linear functions of the hot water supply temperature.

Window surface temperature distribution is affected by the mullion surface temperature and
the outside air temperature. The temperature gradient on the glazing surface within one foot from
mullions is much higher than in the central part of the window. The temperatures in the central 2
feet of a 4-foot window show almost no influence by the mullion surface temperature.

The sensitivity study in the discussion section showed that the conductive thermal resistance
of the mullion double tubes plays a decisive role in controlling the mullion and window frame
temperatures. The double tubes and gap fillings increase the thermal resistance of the mullion
tubes, which results in a lower surface temperature for heating and a higher surface temperature
for cooling. The higher surface temperature for cooling may be intended to lower the risk of
moisture condensation on the surface of the mullion in the cooling condition. However, the
enhanced thermal resistance decreases the heating and cooling capacity of the mullion. If the
mullions are only used for heating, a single tube structure is recommended.

Window frame thermal resistance affects the frame surface temperature and heat loss from
the mullion to the outside air. The change of frame surface temperature and the heat loss to the
outside air is a non-linear function of the change of framed thermal resistance, as expected. Ata
hot water temperature of 125°F, the frame temperature drops about 2.6°F, when frame resistance
decreases from 2.0( ft*-hr- F )/Btu to 1.0( ft-hr- F )/Btu. The frame temperature increases about
0.9°F when frame resistance increases from 2.0( ft*-hr- F )/Btu to 3.0( ft>-hr-F )/Btu. The
smaller the window frame thermal resistance, the larger the temperature drop from the mullion
tube to the frame and the higher the heat loss from the window frame to the outside.

From a design perspective, the window width or spacing between the mullions has little
impact on the heating capacity or mullion surface temperature. However, the space between the
mullions will somewhat affect the window’s inner surface temperature distribution and the
window’s average temperature. When the window width decreases from 5 feet to 3.5 feet, the
average window surface temperature increases from 62.32°F to 62.73°F at an ambient
temperature of 38°F. Increasing the mullion fin length will increase the heating or cooling
capacity of the mullion because of the heat transfer area increase. If the fin length increases from
45mm (1.83 inchs) to 60mm (2.36 inches), the heating capacity of one mullion will increase

about 3.1%.
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The effect of solar radiation on the temperature distribution of the window panes depends
upon window orientation, building location and season of the year. For a south-facing window

under the sun on a typical winter day, the inside glass temperature will increase about 1°F when

solar radiation is considered.
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CHAPTER III

THE PERFORMANCE STUDY OF OVERHEAD RADIANT PANELS

3.1 Introduction

The overhead radiant panels are the other type of radiant device in the IW, as shown in
Figure 1.2. This type of radiant panel is also called a free-hanging ceiling radiant panel. The
overhead radiant panel can be used for both heating and cooling in the IW, and there is no
topside insulation on these panels. The overhead radiant panels are supposed to meet a part of
the sensible load of the IW, with panel output varied by controlling the supply water temperature.
Significant research has been done regarding the heat transfer models, and the thermal comfort
and efficiency of ceiling radiant panels. Chen and Kooi (1988) developed a radiant panel
simulation model which considered the radiant ceiling panel as an indoor surface exchanging
heat with room air by convection and other room surfaces through radiation. Kilkis et al. (1994)
proposed an in-slab type panel model. They pointed out that the heat transfer in a panel-cooled
room and the cooling panel itself might be represented by a quasi-steady state natural convection
model by assuming uniform panel surface temperatures. Stetius and Feustel (1995) developed a
2-D radiant panel model by simplifying heat diffusion equations for an in-slab type panel.
Conroy and Mumma (2000) derived an analytical model for a top insulated metal ceiling radiant
panel. This model was based on the study of solar collectors conducted by Duffie and Beckman
(1991). The basic methodology in this model was to determine the panel cooling capacity by
finding the unknown mean panel surface temperature (Tpm) in an iterative process. However,
the detailed structure of radiant panels varies greatly; it is hard to use one general model to
estimate the ceiling panel capacity in the IW. The objective of this chapter is to develop a
specific model to estimate the heating and cooling capacity of the radiant panels used in the IW
(no topside insulation) with a focus on the impact of thermal contact resistance between the

tubes and aluminum panels.

Some researchers (Awbi and Hatton 2000, Jeong and Mumma 2003b), in recent years, have
proposed a mixed convection heat transfer coefficient to calculate the radiant panel capacity,
because the ventilation diffusers near the ceiling panels create a forced air flow across the ceiling
panels. However, the air velocity near the panel surfaces is related to the diffuser locations. In

the IW, the ventilation diffusers are either on the occupants’ desks or on the floor, and thus have
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little impact on the convection heat transfer across the radiant panels. This chapter will use the

natural convection heat transfer coefficient recommended by ASHRAE 2004.

3.2 Simulation Assumptions

The overhead panel shown in Figure 1.2 consists of several panel modules. The two pieces
of the panels are connected together by a U-shaped tube to form one module. One panel is about
71t long, and one module is 14ft long (including the two panels). A cross section of the copper
tube and aluminum panel is shown in Figure 3.1. The left side of Figure 3.1 is the detailed cross-

section of the panel, which is simplified as the right side in the simulation process. The bottom

1
of Figure 3.1 is the simplified thermal resistance network. The first term, h—, is the thermal
zr

in
) L .
resistance between the water and the tube surface. The second term, R, +E’ is the thermal

contact resistance and thermal conduction resistance of the fin root section. The third term,

1
U (D+F,(W+D))’

is the thermal resistance of the aluminum fin. U, is the average

convection heat transfer coefficient of the upper and bottom surfaces of the panel. F 1 1s the fin

coefficient, defined in the next section. The tube is a 0.5 inch nominal diameter copper tube. The

width of the panel is about 8 inches. All the symbols used in this figure can be found in the

nomenclature section.
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Figure 3.1 Detail of an Overhead Radiant Panel
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3.3 Heat Transfer Model for Overhead Radiant Panels

3.3.1 Heat Transfer Through the Aluminum Panel

The heat transferred from the radiant panel to the indoor space can be divided into two parts.
One is the heat transferred from the root section, ¢,, which corresponds to the width of D in
Figure 3.1. The other is the heat transferred from the fin section, g, , which equals the width of

(W-D) in Figure 3.1. These two parts of the heat flux can be calculated by the following

equations:
. U
4 =D (T, -T,) (3.1)

T, is the air temperature. 7} is the temperature in the shaded section in Figure 3.1. F is the fin

heat transfer coefficient, which can be determined by the following equations:

7 _ tanh(M (W —D)/2) (3.3)
T MW-=D)/2

= |2V (3.4)

kxd
The total heat transfer from the panel can be written as:

L T,-T
4,=¢ +q,= = (3.5)

U, (5 + F, 0 =D))

By considering the water-side resistance, contact resistance and conduction resistance, shown in
Figure 3.1 as the thermal network, the heat transferred from the water to the radiant panel can be
expressed as:
P 1 L 1
o kW D
inm U”(E+Ff(W_D))

(3.6)

The panel heat transfer can also be calculated by defining the panel heat transfer efficiency
factor F; , which is a ratio of the overall heat transfer coefficient between the fluid and the room

air to the overall heat transfer coefficient between fin and the room air.
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g, =WU,(T, ~T,)*F, 3.7)

The factor F|can be found by equating Equations (3.6) and (3.7).

1
F = wuU, (3.8)
1 L 1
——+—+R + D
b, kW U, +F (W +D))

The water-side convection heat transfer coefficient, £, , can be found by Equations (2.10) and

(2.11) in the previous chapter.

3.3.2 Panel Average Temperature Ton
The panel average temperature can be found by performing an integration along the water
flow direction of one module. Taking one element, as shown in Figure 3.2, the energy balance

can be written as the following equations:

g, *dx+q, *dx = -, C, *dT, (39)
g =Y (2 orep (r, -1, (3.10)
T2 2

T

L q, e/

S

dx

Figure 3.2 Differential Element Diagram of a Radiant Panel

By substituting Equations (3.7) and (3.10) into Equation (3.9), the following governing equation

can be obtained:
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PxU *(T,-T,) h.C d1; (3.11)
J— =—m, _ .

0 f a f de

P:FIW+%(%+2L+DJ (3.12)

Letting? =7, — T, , Equation (3.11) can be written as the differential equation:

dr PU
—=——"dx (3.13)
T mC,
with the boundary condition:
x=0, T=Tﬁ—Ta (3.14)
Equation (3.13) can be solved as:
T,—-T, o
O=—"1——=¢ " (3.15)
T, -T,

At the module outlet, the water temperature is Tfo, which can be expressed as the following
equation:

U,

T,=T,+(T,-T,)*e " (3.16)
L1 is the length of one module, which equals two panel lengths in the IW. Conroy and Mumma
(2001) defined a heat recovery factor Fy that relates the actual sensible heat of a panel to the
sensible heat if the whole panel surface were at the fluid inlet temperature. The total sensible
load can be expressed as in Equation (3.18). Once the outlet temperature is known, the heat

recovery factor of the panel can be calculated by the following equation:

mC (T, ~T})

= 3.17
AU, -T,) G4

The overall heating or cooling capacity of one module can be written as the following
equations by applying the concept of the heat recovery factor and the panel mean

temperature:
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G, = FoAU,(T, = T;) =mC,(T,, ~T,) (3.18)
g,=U,A(T,~T,) (3.19)

Based on Equations (3.18) and (3.19), the panel average temperature can be obtained as:

T =T +ch(T”_Tf’)(1 F,) (3.20)
o AU, F, R ’
P 0
3.3.3 Overall Heat Transfer Coefficient, U,

The overall heat transfer coefficient, U, , in the previous process is unknown. U, can be

found by the following procedure. The total heat transfer rate per unit panel area can be

expressed as the summation of bottom convection, radiation, and top convection and radiation.

q,=(q.+4,), +(q.+q,), (3.21)
4., =h.,(T,, =T, (3.22)
q,, =h,,(T,, —AUST) (3.23)
q.,=h. T, -T,) (3.24)
q,,=h, (T,, —AUST) (3.25)

The AUST in the above equation is defined in Equation 2.39. The convection heat transfer
coefficient can be found by the following equations, which are from Chapter 6 of the ASHRAE
Handbook, 2004.

h.,=0.13*(T,, —T,)"** (Heating) (3.26)
h.,=031%(T,-T,)*" (Cooling) (3.27)
h.,=0.13*(T,-T,)** (Cooling) (3.28)
h.,=031%(T, —T,)*" (Heating) (3.29)

The radiant heat transfer coefficients hr’t and hr’ ,can be obtained from Equation (3.30). The
AUST, which is close to room air temperature, can be obtained from Equation (2.39).

3
T +AUSTJ (330)

h, = 430( pm

Once the overall heat transfer rate, q‘o , 1s known, the overall heat transfer coefficient can be

calculated by the following equation:
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U,=—"— 3.31
e, (3.3D)

pm a

The actual U, can be found by first giving an estimated T,, value at the beginning of the

calculation, and then iterating the T,, and the U value from Equation (3.1) until the two

parameters converge.

3.4 Discussion

3.4.1 The Performance of Radiant Panels in Summer

Figure 3.3 shows the radiant panel performance in summer. The cooling capacity of the
panel decreases as the supply temperature of chilled water increases. When the chilled water
supply temperature is 45°F, the cooling capacity of the panel is approximately 71.0 Btu/(hr-ft).
It decreases to 44.6 Btu/(hr-ft*), when the chilled water supply temperature increases to 55°F. In
order to avoid condensation over the panel surface, the supply water temperature is normally
higher than 55 °F. The cooling capacity of the overhead panel is normally between 16.9 and 44.6
Btu/(hr-ft) as the chilled water supply temperature varies between 55°F and 65°F. Several
factors affect the cooling capacity of the panel. Room air temperature is an important factor that
can affect the cooling capacity of the radiant panel; the higher the room air temperature, the
higher the temperature difference between the panel surface and the room air. The panel cooling
capacity increases about 58.9% when the room air temperature increases from 68°F to 75°F at a
chilled water temperature of 55°F. It may drop about 22.4% when the room air temperature
decreases from 72°F to 68°F. The chilled water flow rate also has some impact on the panel’s
cooling capacity. The panel’s cooling capacity decreased about 11.4% when the flow rate

decreased to half of the design flow rate.

Figure 3.4 indicates the average surface temperature of the radiant panel, which is about 0.5
°F to 3.5°F higher than the inlet chilled water temperature, depending upon the room air
temperature and the inlet water condition. Figure 3.4 also illustrates that the room air
temperature has little impact on the panel surface temperature. The panel surface average
temperature increases about 0.7°F when the room air temperature increases from 68°F to 75°F.

The performance of the radiant panel in the heating mode is shown in Appendix III.
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Figure 3.5 Heat Transfer Coefficients of the Radiant Panel in the Cooling Model

Figure 3.5 shows the change in the heat transfer coefficient in the panel cooling model. The
convection heat transfer coefficient decreases when chilled water supply temperature increases,
because the temperature difference between the panel surface and the room air gets smaller. The
radiant heat transfer coefficient increases when supply water temperature increases because the
radiant coefficient is a function of the average temperature of the panel surface and the room air.
The overall heat transfer coefficient, U,, decreases when the supply water temperature increases.

In general, the overall heat transfer coefficient does not vary significantly.

3.4.2 The Performance of the Radiant Panel in Winter

Figure 3.6 shows the heating capacity of the overhead radiant panel, which increases as the
hot water supply temperature increases. At the hot water supply temperature of 120°F, the
heating capacity of the panel is 144.1 Btu/(hr-ft*), while it is 19.9 Btu/(hr-ft*) at a hot water
supply temperature of 80°F. The supply water temperature is a primary factor that affects the
heating capacity of the overhead panel, but the room air temperature also affects the heating
output of the radiant panel. The lower the room air temperature, the higher the panel heating
output. The heating capability increases about 8.5% at a supply water temperature of 120°F,
when the room air temperature decreases from 72°F to 68°F. The simulation study also finds that
the hot water flow rate has a slight impact on the heating capacity of the panels. The heating

capacity decreases about 14.2%, if the flow rate is reduced to half of the design value.



51

Figure 3.7 shows that the average panel surface temperature is proportional to the inlet water
temperature. The average surface temperature is about 0.5 °F to 6.0°F lower than the inlet hot
water temperature when the hot water supply temperature varies between 80°F and 120°F.
Figure 3.7 also indicates that the room air temperature slightly affects the panel surface
temperature. The higher the room air temperature, the higher the radiant panel surface

temperature. The performance of the radiant panel at cooling condition is shown in Appendix IV.

Figure 3.8 illustrates the overall heat transfer coefficient, U,, the convective heat transfer
coefficient, hc, and the radiant heat transfer coefficient, hr, all of which increase as the supply
water temperature increases. The overall panel heat transfer coefficient varies from 2.7 Btu/(hr-
ft2—°F) to 3.4 Btu/(hr—ftz—oF) and the natural convection heat transfer coefficient changes from
0.79 Btu/(hr-ft*-°F) to 1.32 Btu/(hr-ft*-°F), as the supply water temperature changes from 80°F to
120°F. The reason is that the temperature difference between the panel surface and the room air

increases when the hot water supply temperature increases.
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Figure 3.8 Heat Transfer Coefficient of the Radiant Panel in the Heating Model

3.4.3 The Impact of the Thermal Contact Resistance on the Performance of the Radiant Panel
In Figure 3.1, the aluminum panel is attached to the water tube by a clip-shaped structure.
The heat flows from the water tube to the aluminum panel. When the two solid bodies make

contact, a temperature drop across the interface occurs. This is caused by contact thermal
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resistance between the water tube and the clip, which affects the radiant panel performance.
Thermal contact resistance is a complicated phenomenon, influenced by the contact pressure,
contact area, surface roughness, etc. Calculation of the thermal contact resistance is difficult,
even impossible, because of the difficulty inherent in measuring the contact area. When
aluminum panels are attached to the copper water tube, normally a thermally conductive gel is
used to fill the air cavity and increase the thermal conductivity between the tube and the panel. In
the above analysis, contact is assumed to be ideal. The thermal contact resistance, Rs, in
Equation (3.6) and Equation (3.8) is assumed to be zero. In a real case it is impossible for the

thermal resistance to be zero if any air gaps exist.

Figures 3.9 and 3.10 show the overhead panel performance under different thermal contact
resistances, when the room air temperature is 72°F. As shown in Figure 3.9, the cooling capacity
decreases 18.8% when the thermal contact resistance increases to 0.2 (hr—ftz—OF)HBtu at an inlet
water temperature of 55°F. The cooling capacity loss varies from 19.2% to 18.1% when the
supply water temperature increases from 45°F to 65°F. In Figure 10, the panel heating capacity
also decreases when the thermal contact resistance increases. When the thermal contact
resistance increase to 0.2 (hr-ft’-°F)/Btu, the heating capacity loss varies between 18.9% and
22.2% for a supply hot water range of 80°F to 120°F, as compared to no thermal contact

resistance.
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The above analysis indicates that thermal contact resistance has a significant impact on the
thermal performance of the radiant panels. Therefore, the design of the connection between the
water tube and the aluminum panel is very important. To increase the heating or cooling capacity,
the thermal contact resistance should be kept as small as possible. The clip section in Figure 3.1
is normally designed in a circular shape (Xia and Mumma 2006), and the thermally conductive
gel is used when the radiant panels are installed. Xia and Mumma, 2006, have estimated that the
contact thermal resistance is around 17 Btu/hr-ft*-°F (R value of 0.06 hr—ftz—oF/Btu) for a half

inch water tube.

3.5 Performance Correlations for Radiant Panels
The performance of the IW overhead radiant panels can be estimated by the following

correlations based on the above detailed simulation study.

At the heating condition:

0,,=—6x10"*T> +0.0263*T> —0.3325%T,

hws hws

-90.977 (3.32)

D, =9.97* I,-72

(3.33)

. 2 .
D, =-0.1412 *( i j + 0.4384*( i j+ 0.7026 (3.34)
0.22 0.22
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0, =A*D,*(0, +D,) (3.35)
At the cooling condition:

Q.,=0.0001*%T> —0.015%T. —2.1465*T. +186.79  (3.36)

cws cws cws

D, =998+ 14=12 (3.36)
35
m 0
D, =—0.1099 * +0.3989 * +0.7109 (3.37)
022 022
0. =A*D,*(0;, +D,) (3.38)

In the equations above, the units of Qh0 and Qco are Btu/(hr-ft*) and the units of Q4 and Qc are

Btu/hr, where Oy , Qe are total heating and cooling input of the radiant panels. A is the total
panel area. D, is the room air correction factor; and D, is flow rate correction factor. #1is the

water flow rate in single panel. The correlation equations apply to the IW radiant panels only.

3.6 Summary

This Chapter presents the heat transfer principles of overhead radiant panels. One heat
transfer model has been set up, which can be solved for the supply water outlet temperature, the
panel average surface temperature, and the overall panel surface heat transfer coefficient. This
study has found that the heating and cooling capacity of the overhead panel without top

insulation is a semi-linear function of the supply water temperature when the flow rate is fixed.

The cooling capacity of the overhead radiant panel is around 44.63 Btu/(hr-ft*) at a chilled
water supply temperature of 55°F , which is greatly affected by room air temperature and slightly
affected by water flow rate. The heating capacity of the overhead radiant panel is around 144.12
Btu/(hr-ft*) at a hot water supply temperature of 120°F. If the contact thermal resistance is
assumed to be 0.06 hr-ft*-°F/Btu (Xia and Mumma 2006), the heating and cooling would be
reduced by 8.3% and 6.8%, respectively. Room air temperature and supply water flow rate both
affect the heating input of the overhead radiant panels. The panel capacity increases about 8.5%
in heating and decreases about 22.4% in cooling when the room air temperature drops from 72°F
to 68 °F, and it decreases about 14.2% if the hot water flow rate is reduced to half the design

flow rate.
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Thermal contact resistance between the water tubes and the aluminum radiant panels has a
significant impact on the thermal performance of the overhead radiant panels. When the thermal
contact resistance increases to 0.2 (hr-ft’-°F)/Btu, the cooling capacity drops about 18.6% and
the heating capacity drops about 20.6%. The thermal contact resistance should be reduced to be

as small as possible in the design process.
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CHAPTER IV

THE THEORETICAL ANALYSIS OF THE IMPACT OF RADIATOR POSITION ON
ENERGY CONSUMPTION AND THERMAL COMFORT

4.1 Introduction

Chapters II and III modeled the heat transfer processes of radiant mullions and overhead
radiant panels. However, some questions remain unanswered by this modeling analysis. These
questions are what the benefits are by using radiant heating or cooling, why radiant mullions are
used, and what is the impact of radiant mullions and overhead radiant panels on energy
consumption and thermal comfort. The objective of this Chapter is to quantitatively analyze the

impact of the position of radiators on energy consumption and thermal comfort.

4.1.1 Radiant Heating

Radiant heating has a reputation for increasing the comfort level of a space and for lowering
energy bills. A radiant heating system uses one or more temperature controlled indoor surfaces
on the floor, walls or ceiling to heat the enclosure surfaces and objects first. The warm surfaces
then heat the inside air via convection. Because warm enclosure surfaces radiate more energy to
a human body than cold surfaces, people tend to feel comfortable even if the air temperature is
several degrees lower than in a room with a forced air heating system. A temperature controlled
surface is called a radiant panel where the temperature is maintained by circulating water, air or
electric current. According to the ASHRAE Handbook (2005), the panel surface temperature is
normally lower than 300°F. The radiant heating system may be combined with a central forced
air system to supply the heating or cooling required by the space. Such systems are called mixed

radiant and convective heating systems or hybrid HVAC systems (ASHRAE Handbook 2004).

Floor heating is one of the oldest and most popular radiant heating systems. Stove and flue
gas ducts underneath a building floor constitute the ancient heating systems used in East Asian
countries thousands of years ago. The advantages of floor heating are quiet operation and
superior comfort. Several investigations (Dale 1993, Olesen 1994, Gibbs 1994) have evaluated

the energy consumption and comfort levels provided by this type of heating.

For office buildings, the most practical application of radiant heating is wall or ceiling-

mounted heating panels combined with a forced air system. The Hybrid HVAC system provides
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more flexible control over the space operative temperature, air distribution velocity and humidity

level.

Significant research has been done regarding the mean radiant temperature distribution and
comfort level of radiant systems. Steinman et al. (1989) proposed a calculation method for mean
radiant temperature and noted that the temperature difference between the room air and unheated
internal surfaces may not be small with a radiant heating system when an enclosure has a large
set of window surfaces or a high percentage of exterior walls. Tassou et al. (2000) compared
radiant and forced air heating systems in two churches. They found that properly located heaters
can create a more uniform temperature distribution than a single air heating system in a large
space. Chapman et al. (1997) analyzed mean radiant temperature (MRT) distribution in a
bedroom and a kitchen in order to analyze the thermal comfort conditions, where the heating

panels are mounted to the ceiling.

Several studies have examined the energy consumption associated with radiant heating
systems and some compare the consumption of radiant systems to that of air heating systems.
DeGreef and Chapman (1998) used an improved methodology to analyze the energy
consumption of a 48 square foot bathroom with a radiator mounted to the center of the ceiling.
Degreef and Chapman (1998) indicated that the energy required by a 100% radiant heating
system is 25% less than that required by a 100% convective heating system to achieve the same
average MRT, in the case analyzed. By keeping the operative temperature constant, Chapman et
al. (2000) found that the energy consumption of 100% radiant heating is slightly less than (6%)
that of a 100% convective heating system in a 3 meter square enclosure without a window.
Hanibuchi and Hokoi (2000) compared a floor heating system with a convective heating system;
they pointed out that when convective heat exchange is dominant, heat loss through poorly
insulated windows is larger than when radiant heat exchange is dominant. Their conclusion was
based on keeping the operative temperature at the central point of the tested room constant in the
case of floor heating. Most of these studies tend to conclude that radiant heating can save energy
compared with a forced air heating system when keeping the operative temperature or the MRT

constant.

One of the important factors still untouched by these studies is that the position of the
radiators relative to the windows and the outside air supply rate has an impact on energy

consumption and comfort distribution in a given space. The location of a radiator can
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significantly affect the enclosure surface temperature nearby. If a radiator is near windows, it
increases the inside surface temperature of the window and counteracts the down draft to make
people near the window feel comfortable. However, this arrangement may increase the heating
load. If a radiator is located away from the windows, the surface temperature of the windows is
lower. The comfort level near the window may not be as high as in the previously described

layout.

4.1.2 Thermal Comfort

The primary objective of the HVAC design is to satisfy the thermal comfort requirement of a
conditioned space. Any energy management measures must consider this goal first. ASHRAE
Standard 55-2004 defines thermal comfort as the “condition of mind which expresses
satisfaction with the thermal environment.” Six primary factors affect the thermal comfort of an
occupied space: metabolic rate, clothing insulation, air temperature, radiant temperature, air
speed and humidity. ASHRAE Standard 55 (2004) specifies the comfort zones appropriate for
spaces where 80% of sedentary or slightly active persons find their environment thermally
acceptable when their clothing provides between 0.5clo and 1.0clo of thermal insulation. Of the
six factors noted above, air temperature, radiant temperature, air speed and humidity can be
controlled by the HVAC system. Therefore, the comfort zone is expressed as a range of
operative temperatures and levels of humidity for environments where the air speeds are not

greater than 40 ft/min (0.20 m/s).

From the viewpoint of a heat transfer analysis, radiation, convection and evaporation control
heat loss from the human body. These three factors are determined by the mean radiant
temperature, air temperature, humidity and air speed of a space. Humidity is normally controlled
by the HVAC system for the entire area served by one air handler. Air velocity is maintained by
the ventilation and air supply system in an individual room at the level needed to provide
relatively uniform temperatures and avoid drafts. Air temperature and velocity determine the
convection heat transfer rate between the human body and indoor air with heat loss proportional
to the temperature difference. The mean radiant temperature (MRT) determines the radiation
heat exchange between the human body and the surrounding surfaces. In a typical room, the air
temperature, air speed and the MRT are the variables a design engineer can control (Palmer and

Chapman 2000).
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The MRT is defined as “the uniform temperature of an imaginary enclosure in which radiant
heat transfer from the human body equals the radiant heat transfer in the actual non-uniform
enclosure” (ASHRAE Handbook, 2005). The MRT can be calculated from the surface
temperatures and the corresponding angle factors from the occupant and the surrounding

surfaces by the following equation (ASHRAE Handbook, 2005):

1
.4

.= F,.T,
i 4.1
T, is the mean radiant temperature; F,; is the angle factor between the person and the surface;
and T; is the surface temperature. The mean radiant temperature can also be determined by the

discrete ordinate method (Degreef and Chapman 1997) using the following equation:

1
S IAw |
T =|-

i
Aeﬁ. o

4.2)

I is the intensity coming from a discrete direction; w' is the quadrature weighting factor for

the direction; Apj is the projected area in the given direction; and A is the effective area of a
person. When the temperature differences among the various surfaces in an enclosure are small,

there is no significant difference in the results of these two equations.

Both the MRT and the room air temperature have a significant influence on thermal comfort,
although they are not the only conditions influencing human thermal comfort. The operative
temperature, which is a term combining air temperature and mean radiant temperature, was
suggested by Fanger (1967) as a measure of local thermal comfort. Operative temperature is
defined as “the uniform temperature of an imaginary black enclosure in which an occupant
would exchange the same amount of heat by radiation plus convection as in the actual
nonuniform space.” According to ASHRAE Standard 55-2004, operative temperature can be

calculated by the following equation:

T, = AT, +(1- AT, “3)

The value of A is a function of relative air speed V., and can be found using Table 4.1
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Table 4.1. Value of A in Equation (4.3)

<40 fpm 40 to 120 fpm 120 to 200 fpm
Air Speed Vr
(<0.2 m/s) (0.2 to 0.6 m/s) (0.6 to 1.0 m/s)
A 0.5 0.6 0.7

(Source: ANSI/ASHRAE Standard 55-2004)

When the air speed is small (less than 0.2m/s) or the difference between the mean radiant
and the air temperature is small (less than 4°C or 7°F), the operative temperature can be

approximated to be the mean of the average air temperature and the MRT.

When a space has a large area of window as shown in Figure 4.1, the temperature difference
between the interior walls and the surface of the exterior window is large in winter. Convective
heating systems sometimes encounter some difficulty in counteracting the discomfort caused by
the cold window surface. Radiant heating is efficient in this situation to neutralize this deficiency
and minimize radiation losses by the human body. This leads to the question of how the radiator

should be located to achieve energy efficiency and improve the thermal comfort in the space.

This chapter analyzes the heating load and the operative temperature distribution in two
cases. In Case 1, the radiators are located close to a large window. In Case 2, the radiator is
located in the center of the ceiling. The heating energy consumption for these two cases is
analyzed for different radiant and convective heating ratios. The thermal comfort distributions in

these two cases are also analyzed by numerical methods.

4.2 Simulation Cases

Some people may have experienced discomfort when sitting close to a window or near
sliding glass doors during the winter. To counteract this effect, panel radiators may be installed
close to windows or on the ceiling. Two different radiator positions are studied in a typical office
geometry. The office has the dimensions of 15 feet long, 10 feet wide and 8 feet high. Radiant
heating combined with a central forced-air system is assumed to be the heating system. The
configuration of this office is shown in Figures 4.1 and 4.2. The office is assumed to be in a
“middle” floor of an office building. To simplify the calculation, we assume the ceiling, floor,
back wall and sidewalls to be adiabatic. The entire exterior wall is assumed to be a double glazed
window with an R value of 1.64 hr-ft*-°F/Btu. This resistance value excludes the internal surface

convective and radiation resistance, which will be evaluated separately later.
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In Case 1, two 2x8 foot radiators are positioned, as shown, next to the window. In Case 2,
one 4x8 foot radiator is positioned in the center of the ceiling. The outside temperature is
presumed to be 30°F (-1.1°C) and the operative temperature is set to be 73°F (22.8°C). This
chapter studies the impact of radiator position on heating consumption and thermal comfort for
different ratios of radiant and convective heating in these two cases at outside air supply rates of
10cfm, 20cfm and 40cfm. The occupant-sensible load is 75W for one person. The lighting and
equipment load is 160W.
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Figure 4.1 Geometry of an Office (Case 1)
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Figure 4.2 Geometry of an Office (Case 2)

4.3 Heat Transfer and Energy Model
The heat transfer at an internal surface in the enclosure shown in Figures 4.1 and 4.2 consists
of irradiation from other surfaces, emissions to other surfaces, convection between the surface

and the inside air, and conduction loss to the outside. For all adiabatic surfaces, the conduction
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term vanishes. The window is the only component where heat can be conducted outside. Heat is
supplied to the radiator by hot water and can be seen as a generation term, with units of Btu/ft’.
The heat balance on the occupants includes irradiation from and emission to each surface in
the enclosure, convection loss to the inside air, and heat generation from the human body. The
heat balance can be illustrated as shown in Figure 4.3. The energy equation for a control surface

can be written as:

Ve (kVT,)+h (T, ~T,)+¢"+§, = pc, aaT (4.4)

Qe

Convection to
room air

— Heot Generation

Irradiation from \ Emission to

endosure surfaces enc\osure surfoces[
G

Figure 4.3 Energy Balance on Occupant

In Equation (4.4), h_is the surface convection coefficient which is a temperature dependent

variable. Each surface has a different hc . This will be discussed later. 4, can be written as follows:

g, ==Y F,_eolT’ -T}) 4.5)

F_ is the view factor from surface s to surface i. At a steady state, Equation (4.4) can be
simplified as:

L h @, -T) 44 + Y F, eoT -1 =0 (4.6)

In the simulated cases, all walls are adiabatic except for the window. Therefore, the energy
balance for the entire space can be written as:

. . . . Wll’L - ’11()
Qradiator + qmr + qguin - m_facp (Ta - 7—‘0 ) - mtent P (T tent) - = O (473)

win
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The term g, represents the internal heat gain, which includes the heat gain from occupants,
lighting and equipment load. The term s ¢ (T, —T,) is the classic term used to approximate the
heat needed to increase the temperature of the infiltration air from the outside temperature 7, to
the inside air temperature T,. 7, is the ventilation air temperature and is considered to be 7.

For the remainder of this chapter, we will assume that infiltration air is included in the

ventilation air, s, . Therefore, the relevant form for the energy balance equation becomes:

b . b - ’Twin 1,
qmdiator + qmr + anin = mvenrcp (’Ta - To ) + R— (47b)

If we assume all interior walls are adiabatic and the temperature of each surface is uniform,
the energy balance equation for each surface can be expressed as follows by simplifying
Equation (4.6).

For radiator surface temperature7,:

h_,(T,-T,)+q + Zprigo-(Tié‘ ~TH=0 (4.8)

For window surface temperature T, :

win

Yw()_T

i 4 (T —T. )+ > F =0 4.9
R (*WWI( a H'lﬂ) Z )

4 4
win—i 86(711 - Twin

win

Equations for side wall temperature7,,, back wall temperatureT,,, floor temperatureT, .,
and ceiling temperature 7', can be generalized as follows (all four equations have the same

form).

he (T, =T,)+ Y F, 0T} =T;)=0 (4.10)
J

Because of symmetry, the two side walls can be assumed to have the same temperature.

Therefore, a total of six equations can be obtained. If the inside air temperature 7 and radiation
heating value ¢” is given, then theoretically, the six surface temperatures can be solved.
However, these equations are nonlinear and convection coefficient /1, also depends upon the

temperature difference between the surface and the room air. To simplify these equations, the

radiation term can be approximated as (Mills, 1999):

g, =3 F ot} -1*)=F, T T, (4.11)

s=i""ri
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h, = 4€0T, 4.12)
- % (4.13)

Mills (1999) has shown that when the temperature difference is less than 100K, the error of
this approximation is less than 2%. When the temperature difference is less than 10K, the error is

less than 0.03%. Equations (3.8), (3.9) and (3.10) can be simplified into six linear equations, as

follows:
h_,(T,-T,)+q +ZF]H.hrp (T,-T,)=0 (4.14)
% + hcfwin (Ta - Z«fin ) + z Fwinfihlwin (7—; - Twin ) = 0 (4 15)

win

by (@, ~T,)+ Y Fy b (T,~T,)=0 (4.16)
J

wj—i" “rwj wj

The convection heat transfer coefficient /_is not easy to establish. In most of the previous

related research, a constant coefficient is used for all vertical walls. This over-simplified method
may give inaccurate results. The convection intensity between a cold window pane and the
inside air is quite different from the convection between warm interior walls and the inside air.
Natural convection at the interior walls and windows falls within the range of the turbulent flow,
according to the laminar flow criterion, *ar <63 (US units) (2002). Min et al. (1956) studied the
natural convection in a panel-heated room. The equations determined by Min and proposed by
ASHRAE (2005) are (US units):

For a heated or cooled wall:

h,=0.26(T, —T,)"* (4.17)
For a partially heated ceiling:
h, =0.13(T, -T,)"* (4.18)
For a heated floor or cooled ceiling:
h, =031T,-T,)"" (4.19)
For a heated ceiling:
h, =0.02T, -T,)"* (4.20)

Based on Equations (4.17) — (4.20), the convection coefficient needed for Equations (4.14),

(4.15), and (4.16) can be determined. In the computation program, initial guessed values are
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given to all 4 and h, . Then the matrix of these six equations can be solved. The surface

temperatures obtained are then submitted into the coefficient calculation and the matrix is re-

solved until the results converge.

4.4 Simulation Results

The objective of the simulation is to obtain the surface temperatures and analyze the heating
load at different radiator positions. Once the surface temperatures of the enclosure are known,
the heating load of the entire space can be easily found by using Equation (4.7a). The heating
load must be compared on the basis of the same comfort level for the two cases. The operative
temperature is used as a comfort indicator. In the simulations performed for this chapter, the
operative temperature in the space is set at a constant value. The mean radiant temperature in the
center of the space can be calculated by Equation (4.1). However, the value obtained by this
equation only reflects the MRT at a certain point. The weighted surface temperature may better
represent the average MRT inside an enclosure. The following equation is used to calculate the

mean radiant temperature in the space:

1

Z:I4i’rsi4 B
= — 4.21)

total

T, is the individual surface temperature. The air temperature is assumed uniform and

determined from Equation (4.3), assuming that the air speed is less than 40fpm, so A=0.5,

resulting in the following equation:
r,=21, -T, (4.22)

Based on the heat transfer model described above, a simulation program has been written

and the calculation flow chart is illustrated in Figure 4.4.
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Figure 4.4 Calculation Flow Chart

By setting the outside temperature to be 30°F (-1.1°C), the operative temperature to be 73°F,

and the ventilation rate to 20CFM, the simulation results can be shown in Figures 4.5 and 4.6.

4.4.1 Case 1: Two 16 ft* Radiators Next to a Window

By increasing the radiant heating ratio and keeping the operative temperature constant at
73°F (22.78°C), the surface temperature, air temperature and mean radiant temperature trends are
all shown in Figure 4.5. From left to right, the radiant heating ratio increases from 0 to 1.
Simultaneously, the convective heating ratio decreases from 1 to 0. At 100% convective heating
on the left hand side, the window surface temperature is measured at about 61.0°F (16.1°C). This
temperature gradually increases to 62.7°F (17.1°C), when the radiant heating increases to 100%.
From Figure 4.5, it can be seen that the slope of the window surface temperature is larger than
that of the back wall temperature. Because the radiators are much closer to the window than the
back wall, the radiator surface temperatures have a greater influence on the window surface
temperature. The increased window surface temperature increases the comfort level for an
occupant who is seated near the window. However, the increased surface temperature also raises
the temperature difference between the inside surface and the outside environment. The higher
temperature difference will result in a higher level of heat loss through the window which may

cause the overall heating consumption of the space to rise.

As shown in Figure 4.5, when the heating system switches from 100% convective to 100%
radiant heating (from left to right), the room air temperature can be reduced from 76.6°F (24.8°C)
to 72.8 °F (22.6°C), a 4.0°F (2.2°C) difference. The lower room air temperature reduces the

energy used to heat the ventilation air. This is one of the advantages of radiant heating. The
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mean radiant temperature increases from 69.4°F (20.7 °C) to 73.2 °F(22.9 °C), when the enclosure

is heated by 100% radiant heating.

4.4.2 One 32 ft* Radiator Located in the Center of the Ceiling

Figure 4.6 shows the temperature trends when the radiator is located in the center of the
ceiling and the radiant heating ratio increases from 0% to 100%. As compared to Figure 4.5, the
mean radiant and room air temperatures demonstrate the same trend. The room air temperature is
reduced from 75.6°F (24.2°C) to 71.4°F (21.8°C), a 4.2°F (2.3°C) reduction, as the radiant
heating increases to 100%. The most significant difference between Figures 4.5 and 4.6 is the
slope of the window surface temperature as the radiant heating ratio changes. The slope of the
window surface temperature is flatter in Figure 4.6. The increase in the window surface
temperature is less than 1°F when the space switches from 100% convective heating to 100%
radiant heating. The lower window surface temperature reduces the heat loss from the window,
as compared with Case 1. However, it may reduce the comfort level near the window. The room

air temperature reduction is larger in Case 2 than in Case 1, which saves more energy.
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Figure 4.5 Temperature Trends at Different Radiant Heating Ratios for Case 1
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Figure 4.6 Temperature Trends at Different Radiant Heating Ratios for Case 2

The above observation is based on an outside air flow of 20cfm. When the outside air flow is
changed, the temperature trends of window surface, MRT and room air temperatures are almost

the same. The starting and ending points of the trend lines are slightly different.

4.5 Heating Load Comparison

In the two cases analyzed above, two factors affect the heating load: room air temperature
and window surface temperature. When radiant heating increases, the reduced room air
temperature helps to decrease the heating load. On the other hand, the increased window surface
temperature adds to energy use. Figure 4.7 shows the total heating load for these two cases. In
Case 1, the heating load increases about 2.5% for 100% of the radiant heating, as compared with
100% of the convective heating. In Case 2 the heating load decreases about 1.8%. It shows that
the position of the radiator(s) in a typical office has some impact on the heating load, but the
impact is small. This observation is based on an outside air supply of 10CFM, which is
equivalent to 0.5 ACH of the infiltration rate. This is the night time operation condition, in which

the mechanical ventilation stops and natural infiltration is the only source of outside air.

As the amount of outside air increases, the energy used to heat the ventilation air also
increases [see Equation (4.7a)]

This increases the relative importance of changes in room air temperature relative to changes
in window surface temperature. We illustrate this concept by considering two higher ventilation

rates for one and two occupants in the daytime.
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Figure 4.8 shows the heating load of the two cases when the outside air supply rate equals
20cfm, which is the fresh air requirement for one occupant in this office, according to ASHRAE
Standard 62-2001. For Case 1, the heating load by 100% radiant heating is close to that of 100%

convective heating. When the ratio of radiant heating goes up, the heating load first rises and

then decreases. This occurs since the term T, , from Equation (4.7a), first increases in

cT +

vent~ pTa

> 1
size, then decreases as the radiant heating ratio increases. This causes the total heating
consumption to increase slightly and then go down. For Case 2, it can be seen that the
ventilation heating always decreases faster than the window heating increases, and 100% radiant

heating can reduce heating by about 3.7%.

If the simulated space (150 ft*) is occupied by two employees, the outside air requirement
would be 40cfm, according to ASHRAE Standard 62-2001. The heating load shown in Figure
4.9 applies when the heating system is switched from convective to radiant heating. It can be
seen that the heating load declines about 3.6% for Case 1 and 7.6% for Case 2. Figures 4.7, 4.8
and 4.9 illustrate that the outside air supply rate has an important effect on the energy savings
provided by radiant heating. In a real situation, the outside ventilation air is normally preheated
to about 55°F before it is supplied to the conditioned space. The maximum radiant heating ratio
in this case is less than 100% because of the preheating of the ventilation air, which provides a

correspondingly smaller level of heating savings.
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The above observation is based on keeping the operative temperature constant in order to
keep a constant comfort level. In a real radiant heating application, the heating load of a
radiantly heated space also depends upon the type and location of the thermostats. If an operative
temperature thermostat is used, only a small energy savings can be expected. If a dry bulb
temperature thermostat is used and the set point is kept the same as for air heating, the heating
load will increase for the cases examined. Figure 4.10 shows the heating load trends at different
radiant heating ratios, if the room air temperature is kept constant. Figure 4.10 indicates that, for
Case 1 at a 40CFM ventilation rate, the heating load increases about 11.5% when the space
switches from 100% convective heating to 100% radiant heating. For Case 2 at a 40CFM
ventilation rate, the heating load increases about 7.7%. The above observation is based on
keeping the room air temperature constant at 73°F. For lower ventilation rates, the heating
requirement will increase by the same amount, but the percent will be different since the total

heating requirements will decrease.

4.6 Thermal Comfort Distribution

In the theoretical analysis section of this chapter, the area weighted surface temperature is
considered to be the average room radiant temperature. The operative temperature is kept at a
constant value. However, the mean radiant temperature actually varies with the location within

the enclosure. When the occupant is close to the radiator, he/she may feel warmer. When the
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occupant is far from the radiator, he/she may feel cooler. The thermal comfort in the two cases is
not uniform. A numerical method, as implemented in a popular computational fluid dynamics
program (FLUENT®6.2, Fluent Inc.), was used to calculate the mean radiant temperature, room
air temperature, and operative temperature in the three dimensional space using 100% radiant
heating. The results at 4 ft (1.22 m) above the floor are shown in Figures 4.11 and 4.12.

The heat fluxes obtained from the theoretical calculation were used as the boundary
conditions for radiators in the numerical analysis. Floor, ceiling, and walls were all simulated as
adiabatic surfaces with an emissivity of 0.9. The window was simulated as an opaque surface
with an emissivity of 0.9. The discrete ordinate model was selected for radiation intensity
calculation. This model has been evaluated by Truelove (1987), and by Chapman and Zhang
(1995), and has been shown to provide quite accurate results. The Grashof numbers for windows
and walls fall within the range of 1.3e14 to 1.3el5, which means that all of the surfaces have a
turbulent boundary layer. Therefore, the K — £ turbulence model was selected for the natural
convection calculation. Nielson (1998) compared four turbulence models for the prediction of
room airflow and showed that the K — & model was quite accurate for general application.

In Figure 4.11, the room air temperature is 0.5K higher close to the radiator. In the
remaining area, the room air temperature is almost uniform. There is a very thin layer close to
the window where the air temperature is near 60°F (288.5K). The effect of the cold window and
the hot radiator surfaces can be seen clearly in the mean radiant temperature distribution. Close
to the radiators, the radiant temperature gradient is much higher, and the MRT becomes higher.
On the other hand, the MRT becomes lower and the negative mean radiant temperature gradient
becomes larger when close to the window, as in Case 1. The operative temperature is around
73°F (296K), except for small areas near the radiators and the window. The natural convection is
created by the temperature difference between the air and the window inside surface. The down
draft is normally caused by this natural convection in a radiantly heated space. This arrangement
has the benefit of reducing the down draft effects near the window. When the radiators are close
to the window, they heat up the nearby air and the air flows up in an inverse direction to the

down draft air. Therefore, the downdraft is greatly reduced in window area.
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Case 1. Contour of MRT at 100% Radiant Heating Case 1. Contour of Tair at 100% Radiant Heating
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Figure 4.11 Temperature Distribution (K) of MRT, T, and T,, for 100% Radiant Heating, Case
1, 4 ft Level (Window is at the Left Side of the Space)

In Figure 4.12, the room air temperature is very even, but the mean radiant temperature has a
larger gradient. The MRT increases from 64°F (291K, 18°C) close to the window to 81°F (300K,
27°C) close to the center of the radiator, then decreases to 77°F (298K, 25°C) at the back wall.
The radiant temperature in one half of the room is clearly higher than in the other half. The
operative temperature shows that thermal comfort is distributed unevenly. One third of the room
is lower than 73°F (296K, 23°C). Furthermore, the down draft effect may be obvious because
there are no measurements to control the natural convection near the window. Figure 4.11 shows
that the thermal comfort is more uniform in Case 1 than in Case 2. This demonstrates that the
radiators near the window prevent cold penetration inside the space and enhance comfort,

although this layout uses slightly more energy.
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Case 2. Contour of MRT at 100% Radiant Heating Case 2. Contour of Tair at 100% Radiant Heating
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Figure 4.12 Temperature Distribution (K) of MRT, T, and T,, for 100% Radiant Heating,
Case 2, 4 ft Level

4.7 Summary

The position of the radiation source(s) in a radiantly heated office with a double-glazed
window acting as the exterior wall has been shown to impact both the heating load and the
thermal comfort distribution inside the room. When radiators are close to the window (Case 1),
the increase of window surface temperature is higher than when the radiator is located in the
center of the ceiling (Case 2). The layout of Case 1 increases the heating load at an outside
temperature of 30°F by 2.5% in an unoccupied space. When the radiator is located in the center
of the ceiling, the window surface temperature increase is very small. This layout uses 1.8% to
7.6% less heating energy than convective heating for the three ventilation rates analyzed, as
shown in Table 4.2. The energy savings relative to the convective system depend on the outside
air supply rate. When the outside air supply rate is larger than 20cfm, both layouts slightly
reduce their heating requirements, as compared to the air heating system. The heating load
analysis in this chapter does not include possible fan power savings offered by the radiant

heating system.
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Table 4.2. Energy Savings of Radiant Heating vs. Convective Heating for Cases Analyzed

OA Case 1 Case 2
10 CFM -2.5% 1.8%
20 CFM -0.5% 3.7%
40 CFM 3.6% 7.6%

The control device used also affects the energy consumption of a radiant heating system. If a
dry bulb temperature thermostat is used in a radiantly heated space and the temperature is set at
the same point as for air heating, the radiant heating will increase the heating load for those cases
considered here. At the 40cfm ventilation rate, the heating loads of Layouts 1 and 2 increase
approximately 11.5% and 7.7%, respectively, when the office temperature is set to be constant at

the value used for air heating.

On the basis of thermal comfort, radiators located close to the window can reduce the down
draft, prevent cold penetration inside a room and make the operative temperature distribution
much more uniform than when the radiator is located in the center of the ceiling. This means that
radiators close to the window improve the thermal comfort level inside a room although they

will cause the heating load to increase slightly relative to ceiling radiators.
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CHAPTER V

THE INDOOR HUMIDITY ANALYSIS OF AN INTEGRATED RADIANT
COOLING AND DESICCANT VENTILATION SYSTEM

5.1 Introduction

Chapter IV studied the functions of different radiators in the heating condition. This chapter
will study the operation of the radiant system in the cooling condition. Radiant cooling panels
cool the surrounding air by convection and cool objects within their direct view by radiation. In a
radiant cooling system, the chilled water supply temperature can be increased by more than 10°F,
as compared to that required by the cooling coil in an air handler. This will significantly reduce
the chiller electricity consumption. The radiant cooling system can also save energy by cutting
the supply fan power. Stetiu (1999) simulated a radiant cooling system in a 700 square meter
building and reported a 30% energy savings, as compared to an all air system. Niu et al. (2002)
compared a chilled ceiling combined with a desiccant cooling system with a conventional
constant volume all air system and reported 44% primary energy savings in hot and humid

climates such as Hong Kong.

However, condensation is a major problem that restricts the application of radiant cooling.
Because radiant cooling systems lack the capability to remove moisture, and thus ventilation is
required, a radiant cooling system must be used in conjunction with a dedicated outside air
system. The dedicated outside air system can be a 100% outside air AHU or a desiccant wheel

combined with a chilled water coil.

Several studies have examined the moisture condensation problem in radiantly cooled
offices. Mumma (2001c, 2002, 2003, 2005) explored the condensation issues related to chilled
ceilings combined with a dedicated outside air system. He studied the mechanisms of water
formation on chilled panels when occupants in the space exceeded the design, and investigated
the consequent necessary control measures. Zhang et al. (2003) studied the indoor relative
humidity behavior of all air systems with total heat recovery, chilled ceilings with an AHU, and
chilled ceilings with desiccant cooling. They reported that a system combining a chilled ceiling
with air dehumidification offers more annual hours in the comfort region than with other
ventilation systems. They concluded that condensation can be avoided if the AHU ventilation

unit begins operating one hour earlier than the chilled ceiling. One aspect that has received little
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attention in previous research is the impact of infiltration on condensation in a space where

radiant cooling is integrated with a desiccant ventilation unit.

In the design of a radiant cooling system, the capacity of the ventilation system is decided by
either the space latent load or the indoor fresh air requirement, whichever is larger. When the
latent load fluctuates widely such as in a meeting room or a classroom, the design value of the
ventilation air flow often needs to be very large in order to meet peak conditions. In these cases,
the radiant cooling can only meet 10% to 30% of the space cooling load, which substantially
reduces the energy savings that could be obtained from radiant cooling. How does the ventilation
rate affect the indoor humidity and moisture condensation on chilled panels? This is another

question that has not received enough attention in previous studies.

This chapter studies the hourly absolute humidity ratio in the IW with an integrated passive
desiccant ventilation system. It illustrates the interaction between infiltration and mechanical
ventilation rates on the indoor humidity level, and the condensation and energy consumption of a
radiantly cooled space. The possibility of condensation on the surface of radiant panels under
different operation conditions and the space load distribution between ventilation systems and
radiant cooling system have been investigated. Operating strategies to control condensation are

recommended.

5.2 Simulation Case Study

The Intelligent Workplace is a small university office area that includes faculty, graduate
student and staff offices and a meeting room with an area of 580m” (6228 ftz). The air
conditioning system was a radiant heating and cooling system combined with a passive desiccant
ventilation unit before 2006. A group of sensible fan coil units is scheduled to be installed in the
north zone in the winter of 2006. The space uses two types of radiant panels which are modeled
and discussed in Chapters II and III. The mullion system is used to offset the heating and cooling
load from the windows and to increase the indoor comfort levels. Another function of the
mullion system is that grouped mullions can provide flexible heating and cooling set points
based on the preference of the occupants. The second radiant system is overhead ceiling panels,
which are used for spaces away from the windows. The chilled water and hot water are switched
in the same piping system between summer and winter via a two-pipe system, as shown in

Figure 2.1.
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The exterior walls of the IW are metal with 4-inch insulation inside, providing an R-value of
20 ft*-hr-°F/Btu. The double pane windows account for 58.3% of the area of the exterior wall.
The open trussed sloped roof has the same thermal resistance as the metal wall. The roof
includes 648 ft* of skylights, which have the same R-value as the windows. Moveable shades are
installed on all the skylights. Because of the large window area, the lighting load in the space is
relatively small, 0.9W/ft>. The average equipment load is 0.3 W/ft>. 32 people are assumed to be
the normal level of maximum occupants. A sensible load of 230 Btu/hr per person is assumed

with a latent load of 0.131b/hr-person.

This chapter assumes that radiant panels are the only available heating and cooling devices
in the IW. The space is simulated using DOE2.1 software. The simulation model is carefully
calibrated according to the procedures of Claridge et al. (2003) until the calibrated simulation
model closely matches the measured consumption data. Then the calibrated model is used to

predict the system load at different infiltration and ventilation conditions.

5.3 Desiccant Ventilation System

To increase energy efficiency, a radiant cooling system is typically integrated with a solid
desiccant ventilation system, which can be either a passive system or an active system. The most
commonly used desiccant systems are single wheel passive desiccant systems or dual wheel
active desiccant systems. The desiccant wheel absorbs moisture from the fresh outside air and
the wheel is regenerated with either hotter or dryer air. A passive desiccant wheel uses dry air,
which is usually the building’s exhaust air. An active desiccant wheel uses heated air produced
by gas combustion or a heating coil. Active desiccant wheels can deeply dry the fresh outside air
in all weather conditions regardless of the moisture content of the exhaust air. However, an
active wheel requires heat input to dry the air, which increases the system energy consumption.
A passive desiccant wheel cannot remove as much moisture as an active desiccant wheel. The
moisture level of the supply air leaving the passive desiccant wheel depends upon the dryness of
the exhaust air and its flow rate. Cooling is required after the passive wheel (henceforth called
“post cooling”) in order to remove additional moisture and to maintain a sufficiently low
humidity level sufficiently low inside the space when integrated with the radiant cooling.
Exhaust air reactivates the desiccant in a passive wheel adiabatically without additional heat
input. The operating cost of a passive wheel is considerably lower than that of an active wheel,

according to Harriman et al. (1999).
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5.3.1 Passive Desiccant System

Available commercial passive desiccant systems, as shown in Figure 5.1 include single
enthalpy wheel systems and duel wheel systems (which includes an enthalpy wheel plus a
sensible wheel). The enthalpy wheel removes both the latent load and the sensible load, while
the sensible wheel removes only the sensible load. The structure of these two wheels is similar.
The key component is the “honeycomb like” transfer core, which utilizes an aluminum substrate.
A commercial enthalpy wheel is normally coated with desiccant materials such as a 3A or 4A
molecular sieve or a silica gel. The sensible wheel is a rotating heat exchanger without any

desiccant coating.

Commonly used desiccant materials in HVAC applications are silica gel and molecular
sieves. Silica gel can absorb up to 40% of its own weight in water. A typical value for its specific
microporic surface area is ~600 m*/g (Babus’Hagq et al., 1996). The adsorption characteristics of
silica gel function over a wide range of relative humidities. Molecular sieves are crystalline
metal alumino-silicates (basically, ceramic materials). The most commonly used molecular sieve
for air dehumidification is known as a type A zeolite. Zeolite can absorb water up to 20% of its
own weight. Molecular sieves are porous crystals with large specific surface areas and uniform
pore sizes, which have a specific microporic surface area of ~700m*/g (Babus’Hagq et al., 1996).
A molecular sieve is usually used for low-temperature applications. A special property of
molecular sieves is their ability to “selectively adsorb” materials based on their kinetic diameter,
pulling in materials smaller than the size of their pore openings while excluding materials that

are larger. This property can help reduce the contaminants carried over from the exhaust air to

the supply air.
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Figure 5.1 Passive Desiccant System
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Enthalpy wheels normally use an aluminum substrate coated with a molecular sieve material
or silica gel. The effectiveness of an enthalpy wheel depends upon the load of the desiccant
materials, the diameter and depth of the wheel, the face flow velocity, the rotational speed and
other operating conditions. Bulk et al. (1985) proposed ¢- NTU correlations for the design
calculation of both the latent and total effectiveness of enthalpy wheels coated with silica gel.
Simonson et al. (1999a, 1999b) developed a more accurate complex correlations for the sensible,
latent and total effectiveness of enthalpy wheels. Their model works well on balanced flow silica
gel and molecular sieve enthalpy wheels. Simonson et al. (2000) modified the above correlations
to make them apply to unbalanced flow. Freund et al. (2003) developed a simple and generalized
method to predict enthalpy wheel performance based on the classical e - NTU approach. Jeong and
Mumma (2005) proposed a group of correlations to calculate the sensible, latent and total

effectiveness of enthalpy wheels at non-standard conditions, based on statistical methods.

At design rotational speed and face velocity, latent heat transfer effectiveness, £, , and
sensible heat transfer effectiveness, €, can be found in the manufacturers’ manuals. The

parameters of supply and exhaust air can be calculated according to the following equations
based on energy and mass balance, once the effectiveness and inlet conditions on both sides of

the wheel are known.

(me )min

T,=T,6 —¢ T, —-T 5.1
02 ol K (mCP)S ( ol el)
mmin
woZ = ol gl . (Wol - wel) (52)
(HC,)) i
T,=T,—&— (T, -T,) (5.3)
(hC,),
mmin
WeZ = Wel - gl . (Wol - Wel) (54)
m

e

5.3.2 Active Desiccant System

An active desiccant wheel is made up of fiberglass, paper, or sometimes aluminum substrate
coated with silica gel. The most common active ventilation system is shown schematically in
Figure 5.2. It is a combination of one desiccant wheel and one sensible energy wheel. The

regeneration air can be provided by exhaust air or outside air. The supplied outside air first
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passes through the desiccant wheel where the outside air (OA) is dried and the temperature
increases. Then the OA passes through the sensible wheel, where it is cooled. Finally, the OA is
cooled further by the cooling coil and its temperature is adjusted to the required temperature. The
exhaust air first passes through the evaporative cooler and the sensible energy wheel to cool the
supply air. After passing through the sensible wheel, part of the exhaust air is heated by the
heating coil or by a natural gas burner to 150°F-225 °F and used to regenerate the desiccant
wheel. The other part of the exhaust air is discharged into the ambient air. In a typical
configuration, 75% of the desiccant wheel face area is in the fresh outside air path, while the

remaining 25% is in the regeneration air path.
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Figure 5.2. Active Desiccant System

The effectiveness of an active desiccant wheel depends upon both structural parameters and
operating conditions such as the depth of the wheel, the type and quantity of the desiccant, the
surface area of the honeycomb, and the temperature and humidity ratio of the outside air and
regeneration air, the wheel rotational speed, the face flow velocity, etc. Adjusting the
regeneration temperature is the approach most commonly used by commercial manufacturers to
change the wheel’s moisture removal capacity. The higher the regeneration air temperature, the
more moisture removed by the desiccant wheel. When moisture is removed from the desiccant
wheel, the latent heat of the moisture is converted to sensible heat. About 80% to 90% (Harriman
et al. 1999) of the temperature rise of the outside air comes from the conversion of latent heat,

while the remainder is the sensible heat carried over by the wheel. Jurinak (1983) developed the
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following model to evaluate the effectiveness of a silica gel-operated active desiccant wheel by a

curve that fits with the derived wave front propagation characteristics.

Fl=— 21835 + 434408 (5.5)
P
49
F2=L i oo (5.6)
6360
Fl1 ,—-F1
SFI — 0,2 0,1 (57)
F1,,-F1,,
81:2 — F20,2 - F20,1 (5‘8)
F2,,-F2,,

F1 and F2 correspond to isopotential lines of enthalpy and relative humidity. £, ,and &,

represent the effectiveness of the total energy and moisture removal at optimum rotary speeds.
The subscripts “0” and “r” refer to the OA and regeneration air, respectively. The subscripts “1”
and “2” correspond to the inlet and outlet. T is temperature in K and w is the humidity ratio in kg
(moisture)/kg (dry air). The outlet temperature and the humidity of the OA and the regeneration

air can all be found iteratively by using this model.

Because of the temperature increase when the OA passes through the desiccant wheel, the
sensible energy wheel is integrated into the system to cool down the outside air and increase the
energy efficiency. The amount of heat removed from the outside air depends upon the
temperature on the other side of the heat exchanger. The maximum efficiency can be obtained
when the system takes the exhaust air from the space and cools it via evaporative cooling. When
exhaust air is not available, outside air can be used and cooled by an evaporative cooler; then

passed through the sensible wheel to cool down the fresh outside air, as shown in Figure 5.2.

The advantage of the active desiccant system is that this system can continuously and deeply
dry the outside air in all weather conditions, regardless of the moisture content of the exhaust air.
The desiccant wheel can be regenerated with either the exhaust air or the outside air, which

provides installation flexibility for places where exhaust air is not available.

5.4 Transient Model of Dehumidification
When the dew point of the indoor air is higher than the chilled panel surface temperature,

water starts to condense on the surface of the cooling panels. The dew point of the indoor air is
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decided by the moisture balance among indoor latent heat, the infiltration moisture and the
mechanical ventilation moisture. This transient study is necessary to decide the relationship
among these parameters and to determine how much earlier the dehumidification unit needs to
be started before the chilled panels are operated, in order to avoid condensation. The steady

model used in the latter section of this condensation study is derived from the transient model.

5.4.1 Dehumidification of Passive Desiccant System
If we take a space, as shown in Figure 5.1, as a control space, the moisture balance inside the
space can be described by the following equation:

d[‘;}r = Vsp, (W.\v - W,) + aChinpa(Wa - wr) + mé"’” (59)
t

w, are the room humidity ratio, the outside air humidity ratio and the supply air

v,p,

W, w

humidity ratio, respectively. For the passive desiccant system shown in Figure 5.1, the
parameters of the supply air after the desiccant wheel can be calculated by changing equations

(5.1)-(5.4), as follows:

T“2 _ T:,] —e (Cpn.,l.)min (Tnl _T(l)z Tnl _gxﬂ(Tnl _Tr) (510)
(C,m),

Wor :Wf’l_81%(W01_Wﬂl)zwnl_glﬁ(wal_wr) (5'11)

R (5.12)

V

The subscript “min” in Equations (5.10) — (5.12) represents the smaller of the supply air flow
rate and the exhaust air flow rate. The subscript “s” indicates supply air while g is the ratio of

the smaller flow rate to the larger flow rate. In a balanced system, the volume flow rate of supply

air is equal to the exhaust air, and g=1.

5.4.1.1 Case 1. No Post Cooling Used

Post cooling is the availability of cooling after desiccant wheel. When the cooling after

desiccant wheel is not available, w, = w,. Then Equation (5.11) is substituted into Equation

(5.9), in order to obtain the following equation:

dw 1 (.
L=—w ——\V.p (1-€B)+achV +
e (V.p, (1B +achV.p,)

rf’r rf’r

(aChinp()W() +Vspvw()(1_gﬂ)+mgen) (5.13)
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Considering the initial conditions, w,

=w,, =w, , the above equation can be solved as:

t=0

w, =(w, —é)e’“’ +é (5.14)
a a
In equation (5.14),
1 /.
a=——(V p.(1-&B)+achV p,) (5.15a)
Vrpr
b = (aCh[Vrpowo +vasw()(1_gﬂ)+mgen) (515b)
In the equilibrium state,
b
w,=— (5.16)
a

5.4.1.2 Case 2. Post cooling is used with the supply air condition: 55°F, 0.00921b/1b.
Equation (5.9) can be written as:

Vrps dwr

e —V,p,(0.0092—w,) +achV,p,[w, —w, |+m (5.17)
t

gen

Solving the above equation, we can obtain an equation similar in format to Equation (5.14) with

1 ..

a=——-I\V p_+achV (5.18a)
Vrpr(sps 1 Vpll)

b=——"achV,p,w, +0.0092V,p, +1ir_,,) (5.18b)

rl~r

At the equilibrium state,
w. = 2 (5.19)
a

Using Equations (5.14) (5.15) and (5.18), the transient processes of dehumidification with
and without post cooling can be plotted as shown in Figures 5.3 and 5.4, when the outside air

condition is 61°F and w, = 0.0107 1b/Ib. This transient process assumes that the initial humidity

ratio in the space equals the outside air humidity y ~and 25 people are using the space when the
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ventilation system begins operation. 0.131b/hr per person is assumed for moisture generation. An
infiltration rate of 0.45 air changes per hour is assumed. This value is based on the calibrated

simulation model and site measurements.

Figure 5.3 shows that the passive desiccant wheel actually adds moisture to the space instead
of removing moisture from the space when the cooling coil is turned off. This means that the
dehumidifying function of a passive desiccant wheel depends upon the dryness of the exhaust air.
For a balanced flow passive desiccant system, the higher the ventilation rate, the lower the
indoor humidity level. When the indoor humidity level reaches equilibrium, the inside humidity
level is higher than the outside level. The desiccant wheel actually absorbs moisture from the
exhaust air and releases it to the supply air when the humidity ratio of the exhaust air is higher
than the supply air. This is the reason the passive desiccant wheel does not lower the space’s
humidity or even increases humidity levels when post cooling is not available, and there are no

other dehumidification sources.
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Figure 5.3. Transient Behavior of Indoor Humidity for a Passive Desiccant System with No Post
Cooling.
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Figure 5.4. Transient Behavior of Indoor Humidity for a Passive Desiccant System with Post
Cooling.

Figure 5.4 shows that the high ventilation rate quickly dries the space when the post cooling
is on (the supply air is cooled to 55°F, 0.00921b/Ib). However, it also creates another problem.
To cool or heat a large volume of outside air will consume more energy. Figures 5.3 and 5.4
indicate that the moisture removing ability of a passive desiccant wheel requires the presence of

post cooling.
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Figure 5.5. Transient Behavior of Indoor Humidity for an Active Desiccant System
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5.4.2 Dehumidification with an Active Desiccant System

The active desiccant system shown in Figure 5.2 can dry a space more effectively than a
passive system, because the humidity ratio after the desiccant wheel can be set to a relatively low
level by adjusting the regeneration air temperature to a high value. The transient behavior of an
active desiccant system is the same as that of a passive desiccant unit with post cooling as
analyzed in the previous section. When the humidity ratio after the desiccant wheel is set to
0.007 1b/lb (dew point 48°F), the space humidity decreases, as shown in Figure 5.5. The
humidity ratio of the supply air is decided by the regeneration air temperature and humidity. The
active desiccant system can reduce the supply air humidity ratio to a lower level than a passive
desiccant system. The reason is that the chilled water temperature at the inlet of the post cooling
coil in passive desiccant units depends upon the operating conditions of the chiller or the DX coil.
Normally this temperature cannot be lower 40°F in a university campus loop. Figure 5.6 shows
the relationship between the humidity ratio after the wheel and the regeneration air temperature

based on Jurinak’s model (1983) (Equations (5.5)-(5.8)). Desiccant wheel inlet air conditions of
61°F, 0.01071b/lb; £,, = 0.3, &£, =0.85 are assumed in Figure 5.6. w, in Figure 5.6 is the

regeneration air humidity ratio. It can be seen that the ideal supply air humidity ratio of the air

leaving the desiccant wheel has a nearly linear relationship with the regeneration air temperature.
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Figure 5.6 Relationship Between Humidity Ratio and Regeneration Air Temperature
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5.5 Condensation and Energy Consumption Analysis

Condensation is often a major problem when applying the radiant cooling system. An indoor
humidity ratio higher than the saturation humidity ratio at the radiant panel surface temperature
will cause water to condense on the surface of the radiant cooling panels, which results in the
shutting down of the cooling panels by the control system and the overheating of the space. To
avoid condensation, the dew point of the indoor air must be below the surface temperature of the
radiant cooling panels. The normal design conditions for the indoor air is 75°F and a 50%
relative humidity ratio, which corresponds to a dew point of 55°F and an absolute humidity ratio
of 0.0092 Ib (water)/lb (dry air). ASHRAE Standard 55-2004 recommends an upper limit for
indoor humidity of 0.012 1b/Ib, which corresponds to a dew point of 62°F. To ensure that there is
no condensation, the design surface temperature of a radiant panel is normally 1-3°F higher than
the dew point of the indoor air. Therefore, the inlet chilled water temperature of the radiant
panels is often set to 62-65°F. Increasing the panel surface temperature will increase the safety,
but will decrease the cooling capacity. To avoid water condensation, the indoor humidity ratio

needs to be controlled below 0.012 1b/1b, which corresponds to a dew point of 62°F.

Radiant heating and cooling of a space is typically integrated with a ventilation system that
provides humidity control. The ventilation system can be a 100% outside air handling unit, a
simple passive desiccant system, as shown in Figure 5.1, or an active desiccant system, as shown
in Figure 5.2. An air-handling unit is easier to control, but is less efficient. An active desiccant
system usually is considered when the dew point of the supply air is required to be below 45°F
(humidity ratio below 0.00631b/1b) according to Gatley (2000). An active desiccant system often
has a life cycle cost advantage when the dew point temperature of the ventilation air is required
to be below 40°F. Radiant cooling integrated with a passive desiccant ventilation system has
been shown to be a cost effective way to maintain a healthy and comfortable indoor air
environment (2001). Several factors in this type of system have an important impact on the
indoor humidity ratio. These include the infiltration rate, the outside air flow rate, and the

outside humidity ratio.

The Intelligent Workplace used a passive desiccant system before 2006, as shown in Figure
5.1. Chilled water is available only from June to September each year. Consequently, radiant
cooling with post cooling of the passive desiccant wheel is used only from June to September.

The infiltration rate has been estimated to average 0.45 air changes per hour on a yearly basis, as
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noted earlier. Condensation occurs on the surface of the mullion system during the summer. The
hourly indoor humidity has been simulated under eight different conditions by using the model
of Equations (5.9) to (5.19). These eight conditions are shown in Table 5.1. Figures 5.7-5.10
show the simulated indoor humidity ratio over a one year period. The occupancy is assumed to
be 25 from 9:00am to 8:00pm. The corresponding moisture generation in the space is about
3.25Ib/hr. The ventilation system is assumed to run continuously in order to clearly show the
humidity trend in an hourly time series over the year. Equilibrium conditions are assumed in the

hourly simulation.

When the ventilation air flow rate is equal to the exhaust air flow, the space pressure is
neutral. The infiltration rate has a significant impact on the indoor humidity ratio. Figures 5.7a
(Case 1) and 5.7b (Case 2) indicate when the OA is 650CFM and the supply air humidity ratio is
0.0092 1b/1b (dew point of 55°F), the indoor humidity level can be controlled below 0.0111b/Ib
over the whole summer in a tight building (ACH equals 0.001). In a leaky condition (ACH
equals 0.45), a significant number of hours have a humidity level higher than 0.012 1b/Ib (dew
point of 62°F) in the summer. During these periods, water will condense on the surface of the
radiant cooling panels when the panel surface temperature is 62°F or lower. Condensation has
been observed at times during the summer. Another important trend to be noted is that the indoor
humidity level during some hours in April, May and October is much higher than 0.012 in a tight
building, because the post cooling is turned off. High humidity may cause indoor comfort
problems during these periods. The tested space has operable windows, so this problem is not as

serious as that which is demonstrated in the graphs.

Table 5.1. Simulation Conditions

Infiltration | Supply | Supply Air | Return
(ACH) |(CFM) | Humidity | (CFM)
Ratio (Ib/lb)
Case 1 0.001 650 0.0092 650
Case 2| 0.450 650 0.0092 650
Case 3 0.001 1600 0.0092 1600
Case4| 0.450 1600 0.0092 1600
Case 5 0.001 650 0.008 650
Case 6| 0.450 650 0.008 650
Case 7| 0.000 650 0.0092 0
Case 8| 0.000 850 0.0092 650
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Figure 5.7A. Case 1. OA: 650CFM, ACH:0.001, Supply Air Humidity Ratio: 0.0092 [b/Ib.

Case 2. Process Air 650cfm, ACH=0.45
0.02

0.018 A

o
o
=
=Y

0.014

0.012 4
0.01 +
0.008 -

0.006 -

Indoor Humidity Ratio (Ib/Ib)

0.004

0.002 §.

0 1000 2000 3000 4000 5000 6000 7000 8000 9000

Hour in a Year

Figure 5.7B. Case 2. OA: 650CFM, ACH:0.45, Supply Air Humidity Ratio: 0.0092 [b/lb.
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Case 3. Process Air 1600cfm, ACH=0.001
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Figure 5.8A. Case 3. OA: 1600CFM, ACH:0.001, Supply Air Humidity Ratio: 0.0092 [b/lb.
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Figure 5.8B. Case 4. OA: 1600CFM, ACH:0.45, Supply Air Humidity Ratio: 0.0092 [b/Ib.

In order to reduce the indoor humidity level during the summer, two approaches can be
taken. One is supplying more dried outside air to the space, as shown in Cases 3 and 4. The other
is to further reduce the humidity ratio of the supply air, as in Cases 5 and 6. Indoor humidity
ratios for an increased ventilation rate are shown in Figures 5.8a and 5.8b. 1600CFM is the
potential maximum outside air requirement. If the desiccant ventilation unit runs at 1600CFM
with an infiltration rate of 0.001 ACH, the summer indoor humidity ratio can be controlled under

0.011b/Ib (dew point of 60°F). At the current leakage level of 0.45ACH, the humidity ratio can
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also be controlled under 0.0121b/Ib (dew point of 62°F) during most summer hours at the
ventilation rate used in Figure 9b. However, energy consumption needs to be considered. The
higher ventilation rate will increase the energy consumption in conditioning the outside air, even

though the heat recovery by the enthalpy wheel also increases.

Case 5. Process Air 650cfm, ACH=0.001 H=0.008Ib/Ib
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Figure 5.9A. Case 5. OA: 650CFM, ACH:0.001, Supply Air Humidity Ratio: 0.008 lb/lb

Case 6. Process Air 650cfm, ACH=0.45 H=0.008Ib/Ib
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Figure 5.9B. Case 6. OA: 650CFM, ACH:0.45, Supply Air Humidity Ratio: 0.008 [b/Ib.

Another option for reducing indoor humidity levels in summer is to reduce the supply air

humidity ratio, as shown in Figures 5.9a (Case 5) and 5.9b (Case 6). The humidity ratio of the
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supplied ventilation air is set to 0.008 1b/Ib (dew point of 52°F). Comparing Figure 5.9a with
Figure 5.8a, it can be seen that the indoor humidity level in summer is even lower at an OA rate
of 650CFM with a humidity ratio of 0.0081b/lb than at 1600CFM with a humidity ratio of 0.0092
Ib/lb in a tight building. Figure 5.9b illustrates that the condition of Case 6 cannot effectively
control the humidity level below 0.012 Ib/lb during the summer season. Moisture condensation
on cooling panels cannot be avoided under these conditions. Figure 5.9a shows that the humidity
level in the tight space of Case 5 is frequently higher than that in the leakier space of Case 6
(Figure 5.9b) during the winter, spring and fall, when post cooling is not available. The reason
for the difference is that when a building is leaky, the drier outside air removes the indoor

moisture in winter, spring and fall, in a dry climate.

Case 7. Process Air 650cfm, No Exhaust
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Figure 5.10A. Case 7. OA:650CFM, No Exhaust Air, ACH:0, Supply Air Humidity Ratio: 0.0092
Ib/lb

Because the infiltration has a significant impact on the indoor humidity ratio in a radiantly
cooled space, measures must be taken to reduce the infiltration. One method is to pressurize the
building to reduce or stop the outside air entering the space during the summer. Two cases
(Cases 7 and 8) are simulated. Case 7 assumes that 650CFM of OA is supplied without exhaust
air and heat recovery in order to pressurize the space, as shown in Figure 5.10a. Case 8 assumes
that 850CFM of OA is supplied and 650CFM of air is exhausted with the heat recovery to
slightly pressurize the space, as shown in Figure 5.10b. Figures 5.10a and 5.10b indicate that the
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indoor humidity ratio can easily be controlled under 0.011 1b/Ib (dew point of 52°F) in both
conditions, if the space is pressurized and the infiltration is reduced to be close to zero. However,
there is another drawback. In Case 7 of Figure 5.10a, there is no heat recovery because there is
no exhaust air. In Case 8 of Figure 5.10b, increasing the ventilation air from 650CFM to

850CFM will increase energy consumption.
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Figure 5.10B. Case 8. OA: 850CFM, Exhaust Air 650CFM, ACH:0.001, Supply Air Humidity
Ratio: 0.0092 Ib/Ib.
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Figure 5.11B Estimation of Primary Energy Consumption per Year

Energy consumption values for each of Cases 1 (Figure 5.7a) through 8 (Figure 5.10b) have
been simulated. The results are shown in Figures 5.11a and 5.11b. The conditions corresponding
to each of Cases 1 to 8 are given in Table 5.1. The ventilation system is assumed to run from
6:00am to 8:00pm. The total building system load is compared with the ventilation load and the
heat recovery in each case. The results are shown in Figure 5.11a. The total system load is
calculated by assuming that the OA is conditioned by a normal air-handling unit without heat
recovery. The ventilation load is calculated by assuming that 100% of the ventilation air is
conditioned by a cooling or heating coil in the desiccant unit without heat recovery in order to
compare it with the heat recovered by the desiccant wheel. From Figure 5.11a, it can be seen that
the higher the ventilation rate, the higher the building system load and ventilation load. The heat
recovery is also higher. The amount of heat recovered by a passive desiccant wheel accounts for
50% of the ventilation load. Figures 5.11a and 5.11b show that the infiltration and ventilation
ratios are two important factors affecting the total system load. These two factors explain why
the system load and the ventilation load of Cases 3 and 4 are the largest, as shown in Figure
5.11a. By considering the electricity used by the passive desiccant wheel itself, the net primary

energy consumption is as shown in Figure 5.11b. Thermal energy is converted to primary energy
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by considering a generic boiler efficiency of 0.75. Electricity consumption (kWh) is converted to
primary energy (MMBtu) by a conversion factor of 3.52, which is based on a national electricity
generation and distribution efficiency of 0.284 (EIA, 2006). The result shows that Case 1 (OA
650CFM, ACH 0.001) uses the least energy. The primary energy consumption of Cases 1, 5, 7
and 8 are relatively close to each other. The infiltration and ventilation rate have a significant
impact on energy consumption in an oversized ventilation system. The primary energy
consumption can increase of 35.7% when infiltration rate increases from 0.0 (Case 1) to 0.45
(Case 2); and at the same infiltration condition of 0.45 ACH, the primary energy consumption
could increase about 42.4% when the ventilation rate increases from 650 CFM (Case 2) to 1600
CFM (Case 4).

Compared with the indoor humidity levels in Figures 5.7 to 5.10, it can be concluded that
Case 8 is the best solution for a leaky space with a radiant cooling system. This means that
pressurizing the space or sealing the leakage sites is very important to control condensation in a

radiantly cooled space.

5.6 Operation Strategies to Control Condensation
To avoid condensation in a radiantly cooled space, the following operating strategies are

recommended.

Occupants and infiltration air are the main sources of moisture for the indoor environment
during the summer. Infiltration air can lead to condensation on the radiant panels. Checking and
caulking leakage points in the space will reduce infiltration and eliminate condensation if the
infiltration is sufficiently reduced. Window openings should be restricted in summer when the
radiant cooling is running. The supply air rate should be higher than the exhaust air flow, as
shown in Case 8, to pressurize the space. Although some energy is lost when pressurizing the

space, this can be an effective means for controlling indoor humidity level.

The desiccant ventilation system should start at least one hour before the space is occupied.
When the space is highly occupied, the humidity sensor in the space should be able to modulate
the cooling coil control valve in the desiccant unit to reduce the supply air temperature and the
humidity ratio. Meanwhile, when the measured dew point of the indoor air is close to the inlet

water temperature of the radiant panel, the inlet valve of the radiant panel should be shut down.
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In a radiantly cooled space with an integrated desiccant ventilation system, space cooling is
provided by two sources: radiant panels and ventilation air. At low loads, cooling should be
provided by ventilation air. As the cooling load increases, the temperature of the supplied
ventilation air should be adjusted to match the load. When the supplied ventilation air
temperature drops to a low limit of 55°F or 52°F at high cooling loads, the inlet control valve of
the radiant panels starts to modulate to maintain the room air temperature at 76°F. The radiant
panels will not be enabled until the indoor dew point is below a safe limit, such as 0.0111b/Ib
(dew point of 60°F). Then the temperature of the chilled water entering the panels is modulated
to meet the space-sensible load. The inlet water temperature should be controlled to be 1-2°F

higher than the space dew point temperature to avoid water condensation.

Ventilation systems in radiantly cooled spaces can be oversized in the design phase.
Sometimes, the oversized ventilation systems can satisfy the cooling load alone, even on a hot
day. However, the higher ventilation rate will increase energy consumption. The supply air fan
should be a variable speed fan to match the ventilation air with the space fresh air requirements

so that the space will not be over-ventilated.

A passive desiccant ventilation system increases the indoor humidity in spring and fall when
there is no cooling load in the space and the post cooling is shut off to save energy. The indoor
humidity ratio will be too high to be comfortable in a tight space, as shown in Figures 5.7a, 5.8a,

and 5.9a. Windows should be allowed to open. The drier outside air can remove indoor moisture.

5.7 Summary

A passive desiccant system and an active desiccant system have been compared in this
chapter. The transient processes of dehumidification in a radiantly cooled space have been
studied. A transient model is set up. Hourly indoor humidity at eight different operating
conditions is analyzed based on the steady state of the transient model. The corresponding
energy consumption values of the different cases have been simulated. Comparing energy
consumption and yearly indoor humidity trends of the eight cases, the following conclusions can

be reached:

An active desiccant system dries a space deeply and continuously, while a passive desiccant
system dries a space more energy efficiently. The moisture removal capacity of a passive
desiccant system depends upon the dryness of the exhaust air. When a passive ventilation system

is the only source of dehumidification, the system cannot remove moisture without post cooling.
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High infiltration is one of the main causes of condensation in a radiantly cooled space in
summer. Radiant panels cannot work without condensation in a leaky space (ACH: 0.45) even if
the supply air is conditioned to 52°F, 0.0081b/lb, as shown in Figure 5.9b. A passive desiccant
system may cause some humidity problems in a tight space in spring and fall when post cooling
is not necessary because there is no cooling load, as shown in Figures 5.7a, 5.8a and 5.9a.

Opening windows during this period of time can solve this problem.

Pressurizing the space with ventilation air is one of the possible solutions to avoid water

condensation on the surface of radiant cooling panels in a leaky building.

An optimized cooling control sequence is necessary for condensation control, such as
starting the ventilation system one hour before the space is occupied and cooling the space by

stages.

A passive desiccant ventilation system can recover about 50% of the energy of the

ventilation load and provides reasonable humidity control in a tight, radiantly cooled space.

The infiltration and ventilation rate have a significant impact on energy consumption in an
oversized ventilation system. The primary energy consumption can increase of 35.7% when
infiltration rate increases from 0.0 (Case 1) to 0.45 (Case 2); and at the same infiltration
condition of 0.45 ACH, the primary energy consumption could increase about 42.4% when the

ventilation rate increases from 650 CFM (Case 2) to 1600 CEM (Case 4).
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CHAPTER VI

THE INFILTRATION STUDY OF A RADIANTLY HEATED AND COOLED
OFFICE

6.1 Introduction

Chapter V identified the infiltration rate is the primary factor which affects the indoor
humidity ratio, the safe operation of a radiant cooling system, and the energy consumption of the
Intelligent Workplace. The objective of this chapter is to investigate the infiltration value of the

IW.

Creating a comfortable and healthy indoor environment for the occupants is a primary
concern of HVAC engineers. Comfort and indoor air quality depend upon many factors
including thermal regulation, control of internal and external sources of pollutants, supply of
acceptable air and removal of unacceptable air, and proper operation and maintenance of
building systems (ASHRAE 2005). An adequate outside air supply is necessary to dilute and
remove indoor air contaminants. Outside air is normally provided by mechanical ventilation in
commercial buildings and natural ventilation in residential buildings. ASHRAE Standard 62.1-
2004 prescribes the minimum ventilation requirement for different types of buildings. For
classrooms and offices in educational facilities, the minimum ventilation rates are 0.12cfm/ft>
and 0.06cfm/ft’, respectively. Energy required to condition the outdoor air can be a significant
portion of the total space’s conditioning load. The magnitude of the outdoor airflow into the
building must be known for a proper sizing of the HVAC equipment and an evaluation of energy

consumption.

The outside air exchange rate of buildings can be divided into two parts. One is mechanical
ventilation; the other is infiltration. In order to accurately simulate the heating and cooling
consumption of the Intelligent Workplace (IW) and precisely size the equipment in the energy
supply and energy distribution systems, the infiltration level of the IW needs to be carefully
measured and studied. This chapter provides an overview of previous IW infiltration studies,
analyzes blower door measurement results and evaluates the IW infiltration by considering the
impact of wind speed and temperature differences. This chapter also evaluates IW infiltration
from several other measurement methods such as CO, concentration and logged humidity data.

Some of the possible leakage sites have been identified by a site visit.
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6.2 Previous Infiltration Studies of the IW

6.2.1 Infiltration Measurement by Tracer Gas Method

Several studies have been done to estimate the real infiltration level of the IW. Mahdavi et al.
(2000) measured the entire infiltration of the IW using the tracer gas method. They installed six
sampling points, A1-A6, as shown in Figure 6.1, in the IW during the test conducted on March
28, 1998. They observed the average infiltration to be 0.86ACH. They performed the
measurement again on April 2, 1998 using four samplers (B1, B2, B4, B6). They observed an
average infiltration of 0.95ACH.
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Figure 6.1.Tracer Gas Sampler Locations in the IW during the Infiltration Measurement

Boonyakiat (2003) also did a series of infiltration measurements in one bay (Bay 1) of the
IW in July and August of 1999. The results he obtained are listed in Table 6.1. Experiments
numbered 2, 5, 11, and 12 in Table 6.1 were performed, when windows and ventilators were

fully closed.

Table 6.1. Infiltration of Bay 1 Using Tracer Gas Measurements (Boonyakiat, 2003)
Experiment 2 Experiment 5 Experiment 11 | Experiment 12
1.12 1.31 0.82 0.78
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6.2.2 Infiltration Measurement by CO, Concentration Method

Betz et al. (2006) carried on a CO,, occupancy and ventilation study in the spring of 2006.
They monitored the CO, concentration and the number of occupants in the IW during the ABSIC
meeting of March 21 and 22, 2006, and during the Turner Construction Meeting (April , 2006).
Their results are shown in Table 6.2. These results seem to be much smaller than the other
estimates/measurements of infiltration. Because there is no detailed description of the
infiltration analysis in the report, no clues leading to errors can be found. Consequently, the CO,

concentration data has been re-analyzed in the following section.

Table 6.2. Calculated Infiltration Rate (Betz et al., 2000)

Date Infiltration Infiltration Avg. Temperature Avg. Wind speed
(Lfs) (h) (°B) (mph)
March 20-21 33.03 0.090 27.0 2.64
March 21-22 38.72 0.106 28.5 7.24
March 22-23 26.72 0.072 329 5.96

6.3 Analysis of CO, Concentration Measurement Data
This chapter re-analyzes the CO, concentration data obtained by Betz et al. (2006). The
procedure and results are shown as follows. The CO, mass balance in the IW can be expressed as

the following equation:

dm . .
co2 _ mm —m

dt out + mgen (61)

Where, d”;ctoz equals the indoor CO, mass change with time. The mass terms in the above
equation can be expressed as the CO, concentration (PPM).
Mey, =C, ¥V % p*10° (6.2)
m, =C, *p*a*V *10° (6.3)

m,, =C. *p*a*V *10° (6.4)
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By substituting Equations (6.2), (6.3), (6.4) into Equation (6.1), the following equation is
obtained:
m

r=—-a*|C —-C, — e s (6.5)
V. ¥ Pg, ¥10

dC
dt

By assuming that the initial indoor CO, concentration is C,, ppm, the above equation can be

solved as:

m m
C.=C, + “——+|C,-C, ~ E—— e (6.6)
axV xp*10 a*V *p*10

C, in the above equation is the CO, level in the space.

The indoor CO, level and occupancy were logged every 10 minutes by three CO, sensors.
The calibrated average CO, concentration was considered to provide the readings of the CO,

levels inside the space. For every set of two successive measurements, the first measurement can

be considered to be the initial CO, level, C_, and the second measurement can be considered to

be the indoor CO, level, C, . If C,, and C, are known in Equation (6.6), the infiltration value, & ,

can be determined from a trial and error solution of Equation (6.6).

When CO, concentration data were logged on March 21-23, 2006, no outside CO, level was
recorded. On May 3", the outdoor CO, level was logged when the second measurements were
taken. The night outdoor CO, level on May 3™ ranged from 345ppm to 405ppm during most of
the hours, otherwise the CO, level ranged from 380ppm to 400ppm. This chapter assumes the
current average worldwide CO, concentration, 387 PPM, as the outside CO, concentration level
(EPA website, 2006). The calculated corresponding 10 minute ACH for March 21 and March 22
are plotted in Figure 6.2. The average hourly ACHs are listed in Table 6.3.

From Figure 6.2, it can be seen that the infiltration range is between 0.09 and 0.83ACH, but
the variation of ACH is very large. This may be caused by the sensitivity of CO, sensors and the
frequent changes in the level of occupants. The outdoor CO, concentration is assumed to remain
constant during the calculation. In reality, the outdoor CO, concentration varies over time instead
of remaining a constant value, which may result in an inaccurate calculation of infiltration.

Moreover, the infiltration is a function of wind speed and temperature difference. The infiltration
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should be lower at noon and higher during the morning and evening. This tendency can be seen

from data points collected on March 22, 2006, and shown in Figure 6.2.
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Figure 6.2. Air Change Rate During the ABSIC Meeting on March. 21 and 22, 2006

Table 6.3 Recalculated Infiltration Rate during ABSIC Meeting on March. 21-22, 2006

Time 9:00 | 10:00 | 11:00 | 12:00 | 1:00 | 2:00 | 3:00 | 4:00 | 5:00 | 6:00
3/21/2006 37 38 20 35 20 34 36 30 11 5
Occupants
3/21/2006
Infiltration, | 0.63 0.89 0.26 0.74 0.25 0.42 0.83 0.53 0.51 0.28

ACH
3/21/2006 35 32 27 21 18 5 5 5 8 5
Occupants
3/22/2006
Infiltration, | 0.58 | 0.83 | 0.46 | 0.36 | 0.51 0.12 | 0.09 | 0.09 | 0.18 0.5

ACH

To eliminate the disturbance of frequent changes in occupancy and the variation of the
outside CO, concentration, another set of CO, data was taken on the night of May 3, 2006. The
outdoor CO, concentrations were recorded at this time. Approximately 3-6 people stayed inside

the IW during that night. Figure 6.3 shows the inside and outside CO, concentration levels.
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Figure 6.3 Indoor and Outdoor CO, Concentrations on the Night of May 3, 2006

The infiltration level at each data point can be calculated based on Equation (6). The
nighttime infiltration levels for this set of data are plotted in Figure 6.4. It can be seen that the
variation of ACH is much smaller when compared to Figure 6.2. The nighttime ACH varies

from 0.1 to 0.5.
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Figure 6.4 Overnight ACH Based CO, Measurement on May 3, 2006

The above analysis shows the air change rate between the indoor air and outdoor air ranges

between 0.09 and 0.83, based on the CO, concentration measurements.
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The accuracy of CO, concentration method depends on the accuracy of CO, sensors. The
relationship between the CO, concentration measurement and the infiltration rate, & , can be
decided by the following equations. By differentiating equation (6.6), the following equation can

be obtained

r

da V. xp*107°

dC _ mgen

*a‘z(—1+e“”)+{(c ) (—a)+ %}*eﬂ 6.7

Do = M o eyt (Cy—C)* (~@) +——2"— v @ e™ (6.8)
doo "V xpx107° ’ *p*lo
Let
m, m
fla )——_ a_l(—1+€_m)+{(C Cy)* (- )+—}*a*e_“ (6.9)
*p*lO *p*lO

da
The relative error of infiltration value, —, can be calculated by the following equations

da _ dC, (6.10)

a fla)

By assuming initial indoor CO, level of 420 PPM, 20 people in the office, measurement
time step is 10 minutes and real infiltration is close to 0.6, the infiltration errors induced by the

CO, measurement errors are listed in Table 6.4.

Table 6.4 Relative Infiltration Errors Induced by CO, Measurement

dC, (PPM) 5 10 15 20 25 30 35 40 45 50
dala 0.104 | 0.207 | 0.311 | 0.414 | 0.518 | 0.621 | 0.725 | 0.829 | 0.932 | 1.036

From Table 6.4, it can be found that if the error of indoor CO2 measurement is SPPM, the
relative errors of calculated infiltration is 10.4%. If the error of the indoor CO2 measurement is
50PPM, the relative error of calculated infiltration is 103.6%. It can be seen that the calculated

infiltration rate is very sensitive to the errors of CO2 measurement.
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6.4 Analysis of Blower Door Measurement Data

The blower door is a powerful diagnostic tool for measuring the infiltration of small
buildings and for helping to locate air leakage points. The blower door usually consists of an
adjustable-speed fan that is sealed into an exterior fiber doorway. The fan blows air into or out of
the building to create a slight pressure difference between the inside and outside. This pressure
difference forces air through all of the holes and penetrations in the exterior envelope. By
measuring the pressure differences between the outside and inside of the building and the air
flow rate through the fan at different fan speeds, the airtightness of the entire building envelope
can be calculated. The tighter the building, the less air flow the fan needs in order to create a

change in building pressure.

The infiltration rates obtained from the blower door tests are ACH50, which is when air
changes per each hour at 50 Pascals (Pa) of fan pressure. This value can be converted into a
simple estimation of the seasonal natural air change rate (ACH) by the following relation,

according to Sherman and Dickerhoff (1998):

ACH |,

The blower door test can be a pressurization test or a depressurization test in which the
blower increases or decreases the pressure within a building above or below the outdoor pressure.

The depressurization test is often used in small buildings to identify the leakage sources.

Two blower door measurements have been performed at the IW. One was on Oct 6, 2006,
and the other was on Oct 10, 2006. The measurement results are listed in Tables 6.4 and 6.5.
Because the blower door is designed for use in the buildings with a floor area less than 3000 ft*
and the area of the IW is around 6200 ft*, the blower door fan could not produce a 50 Pa fan
pressure difference during these two tests, even through the blower door cover ring was left wide
open. Therefore, Equation (6.11) cannot be used to estimate the natural infiltration based on the
measured data. The natural infiltration can be calculated by using the equivalent leakage area
method (Equation 6.12) according to the ASHRAE Handbook 2005. When the equivalent
leakage area is known, the infiltration is a function of the temperature difference and wind speed,

and can be expressed by Equation (6.13).
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Jp/2AP
A =c VP22 (6.12)

CD
Q=A,C,At+C, U’ (6.13)
a= Vg (6.14)

Table 6.5. Blower Door Measurement Results on Oct. 6th, 2006

Pressure (Pa) 10.2 11.2 8.6 9 8.8
CFM 5950 5925 5952 5935 5963
Baseline (Pa) 0.94 Wind speed 6 mph

Wind o

Direction NE Temperature 38°F

RH 53%

Table 6.6. Blower Door Measurement Results on Oct. 10th, 2006

Pressure (Pa) 8.6 8.2 9.1 8.4 8.6 9.2 9 9.3
CFM 6026 | 6010 5922 6012 5992 | 6002 | 5992 5972
Baseline (Pa) | 0.46 Wind speed | 7 mph

Wind NE Temperature | 63°F

Direction

RH 73%

Based on the blower door measured data, the equivalent leakage areas of these two tests can
be calculated. The results are shown in Table 6.7. The equivalent leakage area of the IW is about
1680 in>. From the Pittsburgh TMY2 weather data file, the hourly temperature and wind speed
can both be known. Therefore, the hourly infiltration can be calculated by Equation (6.13), once
the equivalent leakage area A; is known. The hourly and average daily ACH for a TMY weather
year are plotted in Figures 6.5 and 6.6.

Table 6.7. Equivalent Leakage Areas
Qr Cs Cd | DP(Pa) | Dp(in WG) tho | A (in2) | AL(f2)
6-Oct-06 | 5945 0.186 0.65 9.56 0.0384312 0.075 1680.4 11.67
10-Oct-06 | 5990 0.186 0.65 8.72 0.03504234 0.075 1773.2 12.31




Table 6.8 Predicted IW Monthly Average Air Change Rate
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Month | Temp(F) | Humidity [ Wind Indoor Temp AL(in2) | Q(CFM) | ACH
(mph) | Temp(°F) | Diff (°F)
Jan 26.2 0.0021 9.6 72 45.8 1680 2137 1.49
Feb 27.6 0.0022 8.7 72 44 .4 1680 2009 1.40
Mar 43.1 0.0038 8.8 72 28.9 1680 1852 1.29
Apr 47.6 0.0043 7.7 72 24.4 1680 1650 1.15
May 60.8 0.0076 6.9 72 11.2 1680 1353 0.94
Jun 69.7 0.0105 6.7 72 2.3 1680 1173 0.82
Jul 70.7 0.011 6.2 72 1.3 1680 1073 0.75
Aug 71.3 0.012 6.2 72 0.7 1680 1061 0.74
Sep 63.5 0.0096 5.4 72 8.5 1680 1091 0.76
Oct 51.7 0.006 7 72 20.3 1680 1502 1.05
Nov 41.5 0.0042 9.2 72 30.5 1680 1925 1.34
Dec 33.5 0.0031 8.7 72 38.5 1680 1946 1.36
Hourly Air Change
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Figure 6.5 IW Hourly Infiltration Based on Interpretation of Blower Door Measurement Data
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Daily Average Air Change Rate
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Figure 6.6 IW Average Daily Infiltration Based on Interpretation of Blower Door Measurement
Data

From Figures 6.5 and 6.6, it can be seen that the infiltration rate is between 0.5 and 1.5ACH

for most of a typical year. The air exchange rate is higher in the winter and lower in the summer.

The average monthly infiltration rates are listed in Table 6.8. From Table 6.8, we can see that the

monthly average air change rate varies from 0.74 in the summer to 1.49 in the winter which is, in

general levels, consistent with the tracer gas measurement results.

6.5 Analysis of Logged Humidity Data

The new IW control system logs the operation status of the active desiccant ventilation unit,
SEMCO REV2250, from 2006. The recorded supply air humidity ratio, indoor humidity ratio
and outdoor humidity ratio all provide an alternative approach to estimating the infiltration of the

IW. The moisture balance of the IW can be written as:

W'/in _Wout +Wgen = varage (615)
W, =60% p*V *w +a*p+V, *w, (6.16)
W, =60%p=V, sw +a*p=V, *w, 6.17)

By substituting Equations (6.16) and (6.17) into Equation (6.15) and rearranging the
equation, the following infiltration equation can be obtained:
60*V *w —60*V, *w +m,, /p

o= (6.18)
V. xw, =V *w,
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In the above equation, Vs ,Ve ,w,,w, and w, can be obtained from the control system; V is

known. Therefore, the infiltration can be calculated based on the logged SEMCO unit operation
data. One week’s data (August 6-12, 2006) was taken from the control system in the summer of
2006. The supply air flow rate and humidity ratios for the time period of August 6, 2006, to
August 8, 2006, are plotted in Figures 6.7 and 6.8. From this measured information, the air

change rate can be calculated for every 15 minute period. The results are shown in Figure 6.9.

Humidity Change across Active Desiccant Wheel
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Figure 6.8 Supply Air Flow Rate (CFM)
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Figure 6.9 Air Exchange Rate Based on Measured Ventilation Data

From Figure 6.9, it can be seen that the infiltration rate varies from 0.5 to 2.5ACH during

this two and a half day period, and most of the values are located between 0.5 and 1.5ACH,

which is larger than the values predicted by the blower door measurement method and the CO,

measurement for the summer. These results will be discussed in the following section.

6.6 Discussion

6.6.1 Infiltration Rate Estimated by Four Different Approaches

The IW infiltration rate has been analyzed by four different approaches in the previous

sections. These approaches are the tracer gas method, the CO, concentration method, the blower

door measurement method and the humidity data analysis method. Table 6.9 shows the IW

infiltration ranges obtained from the four methods and their corresponding dates.

Table 6.9 Infiltration Analysis Results

Approach Tracer Gas CO, Blower Door Humidity Data
Concentration Measurement Analysis
Infiltration 0.86-0.95 0.09-0.83 0.4-1.5 0.5-2.0
Range
Applicable Dates July, August March Year round August
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Because the infiltration is a function of the indoor and outdoor temperature difference and
the wind speed, it varies from month to month. The applicable date in Table 6.9 means the date
the infiltration was measured or calculated. In summer, the blower door measurement results
(Table 6.8) are nearly consistent with the tracer gas measurement results, the CO, concentration
results, and the humidity data analysis results. The summer infiltration rate ranges from 0.5 to
1.2. However, the results from the humidity data analysis seem to be larger than the results
obtained from the CO, concentration measurements and the blower door tests. The reason is that
the doors and windows might have been opened when the SEMCO unit was running. All spaces
adjacent to the IW are unconditioned space during the summer. Additional moisture can be
brought into the space when the doors and windows are open. Therefore, the calculated
infiltration rates based on logged humidity dates would have been higher than the actual rates of
infiltration from the outdoors. The CO, concentration method gave a relatively smaller
infiltration rate, which may have been affected by the CO, given off by the plants inside the IW>.
Also, if infiltration air comes from the plenum and third floor, the CO, concentration of the IW
may be affected by the CO, concentration of the third floor air. The CO, concentration method
tends to give a smaller infiltration value, because the CO, concentration of the third floor is

higher than in the outside air.

6.6.2 Air Leakage from the Third Floor

During the blower door measurements, a significant amount of air was found to blow into
the space from the IW plenum. By checking the plenum and third floor ceiling, it was found that
the leaking air came from the third floor. Therefore, air leakage in the IW can be divided into
two parts, the internal leakage from the third floor and external leakage from the outside air. In
the winter, the conditioned third floor air leaking into the IW will either not affect the heating
load if there is no difference between the air temperature of the IW and the third floor or reduce
the heating load if the air temperature of the third floor is higher than the IW. In the summer, the
stack effect drives the hot third floor air into the IW. The cooling load will then be larger than
that considering only the thermal envelope air leakage. Because infiltration air from outside
accounts for a significant part of the building heating and cooling load, the calibrated simulation
of the IW would give some clues to the amount of outside air infiltration if the heating and

cooling measurement data is available.

* The CO2 level given out or being eaten by the indoor plants has not been quantified and the effect of the
plants on the indoor CO2 level is not quite clear at this time.
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Monthly Heating/Cooling Load at Different Infiltration Rates
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Figure 6.10 Monthly Heating/Cooling Load at Simulated and Blower Door Predicted Infiltration
Rates

Chapter V described the calibrated simulation of the IW. Because the measured cooling data
are not available, the calibration simulation of summer cooling is based on the estimated cooling
loads reported by the IW in the 2003 project meeting. These estimated IW cooling loads are
treated as measured loads and may not be reliable. Therefore, the calibration simulation will give
a closer indication of the infiltration in winter than that it will give in summer. The heating and
cooling loads at the infiltration rates estimated by the calibration and predicted by the blower
door measurements are listed in Table 6.10. Figure 6.10 compares the monthly measured heating
and cooling loads® with those of the calibrated infiltrations and estimated infiltrations based on
the blower door measurements. From Figure 6.10, it can be seen that the heating loads at the
infiltration rates predicted by the blower door measurements are much larger than the measured
heating loads if all the infiltration air is assumed to be outside air. The simulation results mean
that a significant part of the infiltration air does not affect the heating load of the IW. The
difference between the infiltration predicted by the blower door measurement and the calibrated
infiltration rate does not affect the heating load. This part of the infiltration can be considered to
be the third floor conditioned air leaking into the IW. Therefore, it is believed that the calibrated
infiltration rates are actually outside air exchange rates recorded during this period. The air
leakage from the third floor may vary from 0.46 to 1.03ACH during the year. However, the

temperature difference between the third floor and the IW should be much smaller than from the

? The measured cooling loads here are actually estimated loads. The simulated cooling loads do not match
the measured cooling loads very well.
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IW to the outside, so the actual air leakage from the third floor may be smaller than the range

estimated above.

6.6.3 Possible Leakage Points

The IW facade is a high quality product. The windows, doors, and roofs are all tight.
However, several possible leakage sites in the IW envelope were identified by the site visit. The
first is the joints between the metal roof and the walls. The seals at these joints may not be tight.
Figure 6.11 shows a picture of one of the potential leakage sites. The second is the roof
ventilators, as shown in Figure 6.12. The roof ventilators used to be directly open to the outside
in order to balance the pressure difference. Now the ventilators are permanently closed and
pinned. However, there is still a small gap between the ventilator damper and the damper frame

on every ventilator. Some louvers behind the ventilator damper are not closed.

A significant amount of leaking air was found coming from the plenum through the gaps
between the plenum floor tiles and the ventilation ducts. When the plenum air leaks into the IW,
the third floor conditioned air leaks into the IW plenum through places where the air ducts and
hot water pipelines penetrate the third floor ceiling. Figures 6.13, 6.14 and 6.15 show that a gap

exists where the air duct and pipeline penetrate through the third floor ceiling.
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Figure 6.13 Potential Leakage Points - Where Ducts Penetrate the Third Floor Ceiling
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Figure 6.14 Potential Leakage Points-Where Pipeline Penetrates the Third Floor

Figure 6.15 Potential Leakage Points-Drain Pipe Penetrates the Third Floor Ceiling



Table 6.10 Heating and Cooling Load at Calibrated Infiltration and Blower Door Predicted Infiltration

Month Measured Air Change Rates Simulated Estimated Air Simulated Estimated Air
Consumption Based on Monthly Heating Change Rates Monthly Heating | Change Rates
(MMBtu) Calibrated DOE2 and Cooling Based on and Cooling with Third
Simulation, Load4, Blower Door Loads, floor, (hr-1)
(hr'l) (MMBtu/month) Measurement, (MMBtu/month)
(hr)
Jan 54.20 0.46 55.26 1.49 95.87 1.03
Feb 38.55 0.4 39.86 1.4 69.15 1
Mar 15.13 0.2 20.22 1.29 42.52 1.09
Apr 5.33 0.16 14.3 1.15 27.34 0.99
May 1.81 0.12 4.72 0.94 7.19 0.82
Jun* 3.455 0.1 17.2 0.82 18.54 0.72
Jul* 11.746 0.1 18.16 0.75 19.34 0.65
Aug* 9.575 0.1 18.42 0.74 19.94 0.64
Sep* 3.257 0.3 8.33 0.76 8.44 0.46
Oct 16.58 0.4 13.594 1.05 19.8 0.65
Nov 17.72 0.46 27.74 1.34 45.44 0.88
Dec 45.63 0.5 44.12 1.36 67.94 0.86

*From June to September, the loads shown in the above table are cooling loads; from September to May, the loads shown in the above

table are heating loads. There is no overlap between heating and cooling.

* Values in this column were simulated assuming the air change rates given in the third column from the left for each month

> Values in this column were simulated assuming the air change rates given in the fifth column from left for each month

8I1
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6.7 Summary

To investigate the infiltration level of the IW, separate blower door measurements were
made at the IW on Oct. 6™ and 10" 2006. This chapter analyzes the blower door measurement
results and estimates year-round IW infiltration levels by considering the factors of temperature
difference and wind speed. The results show that the average IW infiltration may vary from
0.4ACH in the summer to 1.5ACH in the winter, which includes infiltration air from the outside

and from the third floor.

This chapter also reviews the previous infiltration study of the IW that used the tracer gas
method, reanalyzes the CO, concentration data, and evaluates the infiltration by using logged
humidity data. The results for the IW infiltration range from 0.78-1.31ACH by the tracer gas
method, 0.09-0.83ACH by the CO, concentration method, and 0.5-2.0ACH from the logged
humidity data.

A significant portion of the leaking air has been found to come from the plenum and the
third floor. A simulation study of the IW using DOE2.1 identified an estimated rate of outside air
leakage, based on a calibration of the simulation to a measured amount of heating consumption
data. Combining the results of the calibrated DOE2 simulation and the blower door measurement,
the third floor air leakage into the IW can be estimated. This process gives outside air leakage
ranging from 0.1-0.5ACH, while the third floor air leaking into the IW may range from 0.46-
1.03ACH, or less.

Some possible leakage points were discovered during the site visit. The places where the
ducts and pipelines penetrate the third floor ceiling are major sources of third floor air leaking
into the IW. The roof ventilators and joint sections between the roof and walls are the main

sources of outside air leakage.
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CHAPTER VII

THE PERFORMANCE STUDY OF THE SENSIBLE HEATING AND COOLING
SYSTEM INTEGRATED WITH A SOLID DESICCANT VENTILATION UNIT

7.1 Introduction

Radiant heating and cooling gained a reputation of energy efficiency for the following
reasons: first, it reduces the fan power consumption which normally accounts for 25%-30% of
the total building energy consumption in air heating and cooling systems. Second, it allows a
higher chilled water supply temperature to meet the space sensible load. The chilled water
temperature can be 55°F or higher, while it is around 40°F to 50°F for the conventional air
heating and cooling system. The general rule of thumb is that a one degree Fahrenheit increase in
supply temperature corresponds to a decrease in compressor electricity consumption of 1.7% in
chillers (Liu et al., 2002). Third, radiant heating and cooling reduces the heat dissipated by air
supply fans within the conditioned space. A radiant heating and cooling system is normally used
in parallel with a dedicated outside air system. This configuration decouples the sensible and
latent functions of an HVAC system. The indoor humidity ratio can be controlled by the
dedicated outside air system, while a conventional all-air VAV system only has a limited
capability to remove the moisture from the space. Some researchers (Mumma et al. 2001a,
2001d, 2002; Brunk 1993; Behne 1995; Niu et al. 1995, Simmonds 1994) suggest that this

decoupled sensible/latent configuration improves the indoor comfort level.

Many studies have been carried out to compare the energy efficiency of radiant heating and
cooling with a conventional all air VAV system. Roth et al. (2002) reported an analysis
comparing the energy consumption of a conventional VAV system with a radiant ceiling with a
dedicated outside air system (DOAS) and found that a radiant ceiling reduces cooling energy by
15% to 20%, overall. Jeong et al. (2003) compared the simulation results for a 3200 ft* academic
office with a radiant ceiling and dedicated ventilation system with an all-air VAV system. They
reported the chiller energy consumption of the radiant system to be 25% less than the VAV case,
and also reported that the radiant cooling plus the DOAS system could save 42% of the total
primary energy consumption annually, as compared with the VAV system. Stetiu (1999)
simulated a radiant cooling system in a 700 square meter building and reported 30% energy
savings in a warm and dry area. No yearly measured consumption has so far been reported to

confirm these savings.
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The above simulations are all based on optimal system configurations and operating
conditions. This chapter presents a simulation study of an integrated heating and cooling system
consisting of radiant mullions, radiant panels, fan coils and a desiccant ventilation unit based on
the actual system in the Intelligent Workspace. It compares the energy consumption of the
integrated system using an active desiccant ventilation unit or a passive desiccant ventilation unit
with the energy consumption of a single duct VAV air heating and cooling system based on
similar conditions. The occupancy, lighting and equipment load assumptions are the same as the
assumptions in Chapter V (Section 5.2). The primary assumptions in the single duct VAV
system are: design air flow: Lefm/ft%; minimum air flow ratio: 0.3; no terminal reheat in summer;
deck setting temperature range: 55°F~60°F (depending upon outside air conditions); indoor air
temperature setting: 72°F in winter and 73°F in summer. The OA rate for both the active
desiccant system and the passive desiccant system is 1000CFM, while it is 10% of the supply air
flow rate for the VAV system.

7.2 Sensible Heating and Cooling Devices in the IW

The current IW energy distribution system is shown in Figure 2.1. This system includes
radiant mullions, radiant panels, cool waves (a type of sensible cooling device), and fan coils
which are proposed to be installed in the near future. All the heating and cooling devices in the
IW are designed to meet only sensible loads. The latent load is left to the ventilation system. The
chilled water currently comes from the campus loop and is supplied by the building chilled water
pump. Hot water is supplied by the hot water pump and the steam-water heat exchanger in the
basement. The hot water and chilled water pumps are building pumps which supply water for the
whole building use. The IW has a mullion pump and a fan coil pump to supply chilled water and
hot water for the building use. The parameters and assumptions made for each device in the

simulation study are described in the following sections.

7.2.1 Mullions

There are 104 radiant mullions in the south and north zones of the IW. These mullions are
divided into 26 groups. Each group is controlled by one control valve. The radiant mullions are
the primary heating and cooling devices in this space. This simulation assumes that the upper
limit of the hot water supply temperature is 125°F, and the lower limit of the chilled water
supply temperature is 55°F. The heating and cooling heat input is adjusted by controlling the

supply water temperature.
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7.2.2 Radiant Panels

There are four groups of suspended ceiling radiant panels in the IW. There is no top
insulation on the top of these radiant panels. These radiant panels can meet both heating and
cooling loads of the space. The total sum of the areas of these radiant panels is approximately
354 ft*. Radiant panels are assumed to be used whenever the mullions cannot meet the heating
and cooling loads of the spaces. The inlet water temperature is assumed to be the same as that of

the mullions.

7.2.3 Cool Waves

There are ten cool waves located in the north zones. Nine of them can be used. Cool waves
can only meet sensible cooling loads. The specific cooling capacity is 32W/K. The oscillating
fan power is 20W per fan. The cool waves are the last choice for meeting the cooling load after
the fan coils because the cool waves are located in the unoccupied meeting room in this office

complex.

7.2.4 Fan Coils

15 VKB floor fan coils, 6 VKD ceiling fan coils, and 1 FVD fan coil have been proposed for
installation in the near future. The specifications of the VKB and VKD units are shown in Table
7.1. The fan coils are the third device in the order of meeting the building heating and cooling
loads. The Qk/At is the specific cooling, and the Qh/At is the specific heating with the unit of
W/K. They are rated at their different design flow rates. The design flow rate for the VKB fan
coil is 200 kg/h (cooling) and 100 kg/h (heating). The design flow rate for the VKD fan coil is
300 kg/h (cooling) and 100 kg/h (heating).

Table 7.1 Specification Data of Fan Coil Units

VKD Fan Coil VKB Fan Coil
Fan Speed Qk/At Qh/At Power, W Qk/At Qh/At Power, W
1 51 35 16 45 38 15
2 78 42 24 55 44 17
3 95 46 32 64 50 20
4 104 49 40 71 57 22
5 116 52 57 80 62 27
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7.2.5 Pumps

There are two types of pumps in this system. One is building pumps like the building hot
water and chilled water pumps. These pumps were sized for the whole building rather than for
the IW. The other is the equipment pumps such as the mullion pump, fan coil pump, cool wave
pump, and radiant panel pump. These pumps were sized only for the IW. The power
consumption of the second type of pump is considered in the simulation processes. The mullion
pump, the fan coil pump, the cool wave and radiant panel pumps are assumed to have 30 feet of
pressure head based on loop resistance calculations. The operational flow rate for the mullion
pump is 24gpm. The operational flow rate for the fan coil pump is 22gpm (48001b/hr) in cooling
mode, and 9.3gpm (2100kg/hr) in heating mode. The pump power is a product of the pump head

and the pump flow rate. The overall efficiency of the pump and pump motor is assumed to be 0.7.

IW  Ta, Wa
PN
Tregl, Wregl Out Side Air
Ta, Wz Gas Burner To, Wo
FV 2000 <:|
DX
Te, We 8 Coil Trege,Wrege REV 2250
Tsa, Wsa

:> 8 @z )

Wheel %—@ Desiccant

‘Wheel

Figure 7.1 The Active Desiccant Ventilation System

7.3 System Simulation of Mullions, Radiant Panels, Fan Coils and Cool Waves with an

Integrated Active Desiccant Ventilation Unit

A SEMCO REV2250, an active desiccant ventilation unit with a design flow rate of
2250CFM, combined with a FV2000 unit, an enthalpy wheel with a design flow rate of
2000CFM, is currently being used in the IW as the ventilating air conditioning device. The

system diagram is shown in Figure 7.1. The system consists of an enthalpy wheel, a heat pump,
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and an active desiccant wheel. The active desiccant wheel uses natural gas for desiccant

regeneration, while the enthalpy wheel is a passive desiccant wheel.

7.3.1 Active Desiccant Ventilation System

The available information about the active desiccant system is the online control diagram
and two weeks of logged data obtained during the summer and winter. No further detailed
information was available for this active desiccant system. According to the online control
diagram, the supply air temperature is assumed to be 60°F in the summer and 72°F in winter.

The following assumptions have been made in the simulation processes:

A. The active ventilation system supplies 3000CFM of conditioned air with 1000CFM
of OA in the summer, while it supplies 2000CFM of conditioned air with 1000CFM
of OA in the winter.

B. In the summer, the supply air humidity is a function of the outdoor humidity ratio,

which can be obtained from empirical data.

C. The regeneration burner is assumed to have an efficiency of 0.9. The enthalpy

recovery efficiency is assumed to be 75%, based on the SEMCO product manual.

D. Electricity consumption of the heat pump is obtained by a correlation between the
total power consumption and the sensible load, and the latent load taken by the heat

pump DX coil. The correlations are obtained by analyzing the recorded data.
E. In winter, the gas burner is considered to be the primary heating device.

F. In winter, if the gas burner is used for heating, gas consumption varies with the

temperature and humidity differences across the desiccant wheel.

G. SEMCO combined units consume both electricity and thermal energy. Electricity
consumption includes the: SA fan, EA fan, outdoor fan, compressor, FV wheel drive

and active wheel drive. Thermal energy is produced from gas burning.

7.3.2 Calculation Flow Chart and Control Logic

The calculation flow in the integrated system simulation is shown in Figure 7.2. The
simulation uses a building-sensible load and a latent load which was obtained from a DOE2
calibrated simulation as the input, combining with the office schedule and ventilation schedule.

The simulation program decides the heating or cooling mode when reading the hourly load of a
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year. In heating mode, the program calls the SEMCO unit first. The building latent load is taken
by the SEMCO ventilation units, and the difference between the building sensible load and the
sensible load taken by the ventilation unit is left to the mullions, radiant panels and fan coils. The
supply water temperature is adjusted to make the heating input of these devices match the space
sensible load. All pump power and SEMCO unit electricity consumption is calculated during the
simulation processes. SEMCO units normally do not take sensible loads in the heating mode
because the temperature of the supply air is assumed to be the same as room air temperature. In
cooling mode, the SEMCO ventilation unit will take all latent loads and part of the sensible load
at a supply air temperature of 60°F. The remaining sensible load is taken by the mullions, radiant
panels, fan coils and cool waves, in the order of the priority. The cooling input of these devices
is adjusted by the supply water temperature. In summer, the space cooling load is taken by one
10-ton chiller, rated at 1kW/ton. In the summer, the program outputs hourly and monthly
sensible loads, latent loads and electricity loads met by the sensible system and the ventilation
system, individually. The hourly outputs are converted into a daily output by a separated code.

The following logic is assumed in the calculation process:

Building S/L Load
Weather Data

Office Schedule —{Ventilation Schedule‘

Cooling

Heating
or

Cooling

SEMCO Unit

st, . nd .
SEMCO Unit I"mullions, 2*radiant panels

3rdFan coils, 4[h Fan coils

Heating

output

*mullions, 2"radiant panels

d . i
39Fan coils Thermal consumption
| Electricity consumption

Figure 7.2 Integrated System Simulation Flow Chart

A. Whenever the outside temperature is lower than 60°F in the cooling season and
higher than 65°F in the heating season, the SEMCO is turned off. Operable windows
are used to provide fresh air at this time. The SEMCO unit is off when the office is

not in its normal work schedule.
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B. Whenever the mullions, radiant panels or cool waves are on, the mullion pump must

be on, and the pump power consumption will be calculated.
C. Whenever the fan coils are on, the fan coil pump will be on.

D. A generic reciprocating air-cooled chiller model (Jeong et al. 2003) is used in the
integrated system simulation. A 10-ton chiller is assumed based on the maximum
building cooling load from the DOE2.1 simulation. The rated power input of the

variable speed compressor is assumed to be 10KW.

7.3.3 Simulation Results

The simulation results of the integrated system with an active ventilation unit are shown in
Figures 7.3, 7.4, 7.5 and Table 7.2. Figure 7.3 shows that the sensible load met by the energy
distribution system is a function of the OA temperature. In the simulation process, the indoor air
temperature is set to 72°F. The sensible heat is actually a function of the temperature difference
between the indoor and outdoor air. The data are scattered because of the building operation

schedule, solar radiation and the system schedule.
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Figure 7.3 Daily Sensible Heating and Cooling Load Taken by Sensible Heating and Cooling
System

Figure 7.4 shows the sensible and latent loads met by the desiccant ventilation system. The

ventilation system does not meet any sensible load of the space at lower outside temperatures
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during the winter because the gas burner is assumed to be heating the OA to the space air
temperature of 72°F. When the supply ventilation air temperature is the same as the space air
temperature, the ventilation air does not meet any sensible load in the space, as shown in Figure
7.4. The latent load met by the active ventilation system increases as the OA temperature

increases because the absolute humidity ratio normally increases as the OA temperature

increases during the summer.
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Figure 7.4 Daily Sensible and Latent Loads Met by the Active Desiccant Ventilation System
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Figure 7.5 Daily Building Lighting and Equipment Load vs. HVAC Load Met by the Sensible
Heating and Cooling System with an Active Desiccant Ventilation Unit
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Figure 7.5 compares the building lighting and equipment load with the HVAC system
(including pumps, fans, and chillers) load. This figure indicates the building L&E load is
relatively constant. The HVAC electricity load is relatively constant in the winter because the
mullion pump is always on whenever the OA temperature is lower than 40°F. In the summer, the
HVAC load has two patterns. One is that the ventilation system and chiller is on, and the other is

that the ventilation system is off and the chiller is standby during normal office hours.

Table 7.2 shows the simulated monthly load for the integrated system. The yearly integrated
system electricity load is 30,717 kWh; the yearly total thermal load is 348.46MMBtu. The

primary energy consumption for this system is 783.30MMBtu/year.

Table 7.2 Simulation Results of the IW Sensible Heating and Cooling System with an Integrated
Active Desiccant Ventilation Unit

MONTH | Integrated | Integrated | Integrated Chiller Integrated Integrated
System System System Electricity System System
Thermal | Electricity | Electricity | Load, kWh Electricity Primary
Load*, Load, Load Load Energy
MMBtu kWh Excluding including Consumption
Ventilation, Chiller, kWh , MMBtu
kWh
Jan 57.1 1,985 1,334 - 1,985 97.65
Feb 44.2 1,669 1,081 - 1,669 76.90
Mar 21.0 1,652 1,051 - 1,652 46.47
Apr 15.0 1,575 1,008 - 1,575 37.70
May 5.7 1,722 1,355 - 1,722 27.40
Jun 27.6 3,729 1,364 396 4,124 77.17
Jul 29.8 4,000 1,423 418 4,418 82.91
Aug 30.4 4,080 1,391 414 4,494 84.37
Sep 25.4 3,362 1,352 338 3,700 69.87
Oct 13.9 1,637 1,106 - 1,637 37.03
Nov 30.7 1,727 1,103 - 1,727 60.19
Dec 47.6 2,015 1,364 - 2,015 85.64
Total 348.46 29,152 14,929 1565 30,717 783.30

*Summer cooling load is counted as the electricity and not the thermal load, because chilled
water is produced by an electric chiller.

The supplied ventilation air humidity can be adjusted by controlling the regeneration air
temperature, the ratio of bypass air, and many other measures offered by the manufacturers. The
supply air humidity ratio can be controlled in a flexible way. Figure 7.6 shows the supply air

humidity ratio data across the desiccant wheel during the week of August 12 to August 19, 2006.
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The supply air humidity ratio can be seen as a function of the OA humidity ratio, which varies
from 0.0065 1b/1b to 0.0075 1b/Ib. The room air humidity ratio (the return air humidity ratio) is
controlled to be below 0.011 1b/Ib (RH 55%, dew point 57°F). The sensible heating devices in
the IW can be operated safely at these humidity ratios. The correlation of the supply air humidity

ratio, W, and outside air humidity, W, can be written as the following equation, based on the

trend line in Figure 7.6.

W, =1313.7 >"Wwf —83.889 *W; +1.6954*W —0.0037 (7.1)
0.011
y = 1313.7x° - 83.889%° + 1.6954x - 0.0037
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Figure 7.6 Supply and Return Air Humidity Ratio of Active Desiccant System (One Week of Data)

7.4 System Simulation of Mullions, Radiant Panels, Fan Coils and Cool Waves with an

Integrated Passive Desiccant Ventilation Unit

Passive desiccant ventilation systems are often recommended for use with radiant or sensible
cooling devices in the literature (Jeong et al. 2003, Niu et al. 2002, Shank and Mumma 2001).
Single wheel or double wheel ventilation systems are commercially available. The previous
ventilation system used by the IW was a single wheel desiccant ventilation system. The benefits
of the single wheel passive system are a lower initial cost and a higher energy efficiency as

compared with an active desiccant ventilation system, because there is no additional heat input
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needed for desiccant wheel regeneration. However, the passive desiccant system needs a post
cooling coil and the dew point of the supply air is actually related to the dry bulb temperature of
the supply air in summer. The capability of removing moisture depends on the humidity ratio (or
dew point) of the supply air and the flow rate of the supply air. The conditioned space needs to
be relatively tight. Otherwise, the indoor humidity ratio cannot be maintained at a level low
enough to ensure that no condensation collects on the radiant cooling devices, as discussed in

Chapter V.

7.4.1 Single Wheel Passive Desiccant Ventilation System

In order to compare the energy consumption of the integrated radiant/sensible cooling
system with an active desiccant ventilation unit to the consumption of the system with a passive
ventilation unit, the IW energy distribution system is also simulated with a single wheel passive
desiccant ventilation system. The simulated single wheel desiccant system (as shown in Figure
5.1) is based on the previous ventilation system used by the IW, but with several modifications.
The outdoor air first passes through the passive desiccant wheel, then mixes with 67% return air.
The mixed air passes through the DX cooling coil and the heating coil, and then goes into the
space. The DX coil is assumed to be the same one as that which is in the active desiccant
ventilation unit. The hot water is supplied by the campus loop. There is no overlap of heating
and cooling in summer and winter. The chilled water in the energy distribution system in the IW
space is assumed to be supplied by one independent 10 ton chiller, in order to allow an accurate
comparison of the electricity consumption. The chilled water supply temperature is adjusted

according to the space cooling load. Several assumptions have been made as follows:

A. In summer, the passive desiccant system supplies 3000CFM of air to the IW, which
includes 1000CFM of outdoor air and 2000CFM of return air. The supply air
temperature is set to 54°F, with a humidity ratio of 0.0091b/1b.

B. In winter, the passive desiccant system supplies 1000CFM of outdoor air to the IW

without mixed return air. The supply air temperature is set at 72°F.

C. The indoor humidity ratio is calculated based on the model developed in Chapter V.
The infiltration rate is considered to be a function of both the wind speed and the
temperature difference between the indoors and the outdoors. According to the

calibrated simulation analysis outlined in Chapter VI, the equivalent IW leakage
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area is considered to be one third of the 1680 in® determined from the blower door

measurements.

D. The enthalpy wheel sensible and latent heat recovery efficiencies are considered to
be 0.75.

E. A generic reciprocating air cooled chiller model (Jeong et al. 2003) is used in the

integrated system simulation. A 10 ton chiller is assumed based on the maximum
building cooling load from the DOE2.1 simulation. The power of the variable speed

compressor is rated to be 10kW, based on a power ratio of 1.0 kW/ton.

7.4.2 Calculation Flow Chart and Control Logic

The calculation flow and control logic is the same as in Section 7.3.2.

7.4.3 Simulation Results

Figure 7.7 shows the sensible heating and cooling load met by the space heating and cooling
devices. Compared to Figure 7.3, the sensible cooling load on the energy distribution system is
slightly lower. The reason for this is that the supply air temperature for the active desiccant
ventilation system is 60°F, and it is 54°F for the passive desiccant ventilation system. The supply
air temperature is reheated slightly by the regeneration burner in Figure 7.1, while there is no

reheat in the passive ventilation system shown in Figure 5.1, in the summer.
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Figure 7.7 Daily Sensible Heating and Cooling Loads Met by Sensible Heating and Cooling
Devices
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Figure 7.8 Daily Sensible and Latent Loads Met by the Passive Desiccant Ventilation System

Figure 7.8 shows the sensible and latent loads met by the passive ventilation system.
Compared to Figure 7.4, the latent load met by the passive desiccant system is much lower than
that of the active desiccant system. The reason for this is that the supply air humidity for the
active system ranges between 0.00651b/Ib and 0.0075 b, while for the passive system, it is
measured around 0.0091b/1b. The supply air volume flow rate for these two systems is the same:

approximately 3000CFM.

Figure 7.9 shows the building lighting and equipment loads and the HVAC load, as a
function of the outside air temperature. As compared to Figure 7.5, the building L&E and HVAC
profiles for these two systems are similar, except that the HVAC load of the passive desiccant
system is smaller than that of the active desiccant system in the winter. The reason for these
differences is that the supply air flow is 2000CFM for the active desiccant system, including
1000CFM of return air, while it is 1000CFM of OA only for the passive desiccant system.

Table 7.3 shows the simulated monthly load for the integrated sensible heating and cooling
system with a passive desiccant ventilation unit. The yearly integrated system thermal load is
214.37MMBtu, the yearly electricity is 30,904kWh, and the primary energy consumption for this
system is 657.11MMBtu/year.
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Figure 7.9 Daily Building Lighting and Equipment Load vs. the HVAC Load of the Sensible
Heating and Cooling System with an Active Desiccant Ventilation Unit

Table 7.3 Simulation Results of the IW Sensible Heating and Cooling System with an Integrated

Passive Desiccant Ventilation Unit

Integrated Integrated ' Integrated Integrated

System Integrated | System L&E Chll}e'r System, L&E S}fstem

MONTH Thermal System Excluding Electricity . Primary

Load*, L&E, kWh | Ventilation, | Load, kWh plusk%llllller, Energy,

MMBtu kWh MMBtu
Jan 53.6 1,833 1,656 0 1,833 93.48
Feb 41.9 1,527 1,367 0 1,527 74.26
Mar 23.0 1,496 1,332 0 1,496 48.67
Apr 15.2 1,388 1,234 0 1,388 36.89
May 3.7 1,852 1,752 0 1,852 27.17
Jun 0 4,016 1,708 354 4,370 52.50
Jul 0 4,289 1,767 373 4,662 56.01
Aug 0 4,410 1,775 371 4,780 57.43
Sep 0 3,634 1,711 283 3,916 47.05
Oct 10.3 1,524 1,379 0 1,524 32.09
Nov 25.8 1,677 1,507 0 1,677 54.56
Dec 40.8 1,880 1,703 0 1,880 77.00
Total 214.37 29,525 18,890 1380 30,904 657.11

*Summer system cooling load is counted as electricity load and not thermal load, because the
chilled water is produced by an electric chiller.
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Figure 7.10 Hourly Indoor Humidity Ratio During Passive Desiccant Ventilation System
Operation

The indoor humidity ratio is a major concern when applying a passive desiccant ventilation
system. As the study of Chapter V demonstrates, this ventilation system cannot work very well
in a leaky space. The indoor humidity ratio is also simulated based on the estimated infiltration
calculated in Chapter VI. The results are shown in Figure 7.10. During most of the operating
hours, the indoor humidity ratio is less than 0.012 Ib/Ib (RH 65% @75°F DBT), which is within
the upper limit of the ASHRAE comfort zone. The chilled water supply temperature is adjusted
between 55°F and 70°F, based on the cooling load of the space. Because the ventilation unit
supplies 55 °F cool air to the IW, which already meets part of the cooling load, the cooling load
left to the radiant mullions and fan coils is not significant. The supply chilled water temperature
can be slightly higher and can vary between 57°F and 70°F. The space dew point and supply
water temperatures are plotted in Figure 7.11. From Figure 7.11, it can be seen that the space
dew point temperatures are lower than the chilled water supply temperature most of the time.
The total number of hours when condensation is possible is 28 hours in a four month long

summer s€ason.
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Figure 7.11 Hourly Indoor Dew Point (Td) and Supply Chilled Water Temperature(Tsw) During
Passive Desiccant Ventilation System Operation

7.5 Discussion

7.5.1 Thermal and Electric Loads of Air Heating and Cooling Systems

In order to compare the performance of the sensible heating and cooling system with the air
heating and cooling system, a single duct VAV system was simulated using DOE2.1 under the
same infiltration level, operating schedule and OA flow. The major assumptions for the air
system simulation are listed in Section 7.1. Figure 7.12 shows the heating and cooling loads of a
single duct VAV system. As compared with Figure 7.3 and 7.7, the cooling loads of the single
duct VAV systems in Figure 7.12 are higher than the two former integrated systems. The
sensible heat recovered by the enthalpy wheel contributes to the difference. Also, the loads in
Figure 7.12 include both sensible and latent loads, while the loads in Figures 7.3 and 7.7 only
include the sensible load. The building lighting and equipment loads of the single duct VAV
system in Figure 13 have the same pattern as both desiccant systems, with one minor difference.
When the OA temperature is higher than 40°F, the HVAC load of the air system is even lower
than the active desiccant system shown in Figure 7.9, because the fan power consumption is
lower at the lowest heating load for the VAV air system. The active desiccant ventilation system
runs at a constant 2000CFM in winter. There may not be a significant difference between the air
heating systems and the integrated desiccant ventilation systems at a low heating load. Table 7.4
shows the simulated monthly load of a single duct VAV system. The annual primary energy

consumption for this system is 741.44MMBtu
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Air Air Air Heating | - Air
Qcooling | Qheating Heating Heating E:)e:(;nmty ll:;ting heating,
MONTH MMBtu | MMBtu Systerp . Chllle.r . Including Therma’l, Primary
Electricity | Electricity, Chiller MMBtu Energy,
kWh kWh ’ MMBtu
kWh
Jan 0 65.354 2090 0 2090 65.354 112.25
Feb 0 50.877 1699 0 1699 50.877 88.25
Mar 0 29.035 1622 0 1622 29.035 58.20
Apr 0 20.586 1506 0 1506 20.586 45.54
May 0 6.828 2016 0 2016 6.828 33.32
Jun 28.01 0 2931 1580 4511 0 54.20
Jul 29.31 0 3029 1690 4719 0 56.69
Aug 30.31 0 3041 1664 4705 0 56.53
Sep 13.30 0 2295 1097 3392 0 40.75
Oct 0 15.179 1628 0 1628 15.179 39.80
Nov 0 33.862 1747 0 1747 33.862 66.14
Dec 0 49.472 1982 0 1982 49.472 89.77
Total 100.92 271.2 25,586 6,031 31,617 271.2 741.44
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Figure 7.12 Heating and Cooling Loads of the Single Duct VAV System



137

140 6B L8E
EHVAC E #‘
u

0 10 20 30 40 50 60 70 80
Daily average OA temperature °F

Figure 7.13 Building Lighting and Equipment Loads and HVAC Equipment Load of the Single
Duct VAV System
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Figure 7.14. Comparison of Total Electricity Loads of Three Different Systems

7.5.2 Total Electricity Load and Primary Energy Consumption

Figure 7.14 compares the daily electricity loads of three different systems. The daily total
electricity patterns are similar. The peak daily electricity load of the integrated active desiccant
system in summer is slightly higher than that of air heating and the integrated passive desiccant
system, because the auxiliary motor load (comprised of fan motors, a compressor motor, and the
wheel driving motors) in this system is higher than in the other two. In order to compare the

energy efficiency of these three systems, the electricity load and the thermal load of the three
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systems are converted to the primary energy consumption by assuming an electricity generation
and distribution efficiency of 0.284 (EIA, Annual Energy Outlook, 2006) and a boiler efficiency
of 0.75 (Zhang and Niu, 2003). Figures 7.15 and 7.16 compare the daily thermal loads, which
include hot water consumption in winter and year round gas consumption, and the primary
energy consumption of the three systems. From Figure 7.15, it can be seen that the thermal load
of the integrated active system steeply increases when the daily average temperature is higher
than 55°F. The reason is that the gas consumption needed for regeneration increases in order to
remove the moisture inside the IW space. In Figure 7.16, the peak primary heating energy load
of air heating and cooling is higher than the other two systems. When the OA temperature is
higher than 55°F, the primary energy consumption of the integrated active system is much higher
than the other two systems, because of the regeneration thermal consumption of the active

desiccant unit.
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Figure 7.15 The Comparison of Total Thermal Energy Loads of Three Different Systems
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Figure 7.16 Comparison of Total Thermal and Primary Energy Consumption of Three Different

Systems
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Figure 7.17 Comparisons of Thermal Loads and Primary Energy Consumption of a Single Duct
VAV System and the Sensible Heating and Cooling with an Integrated Active Ventilation Unit
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Figure 7.18 Comparison of Total Electricity Load of Single Duct VAV System and the Sensible
Heating and Cooling System with an Integrated Active Ventilation Unit

Figures 7.17, 7.18, 7.19, 7.20 compare the total thermal load, total electricity load and
primary energy consumption of these three systems. From these figures, the monthly electricity
loads of the three systems are close; the annual electricity loads are 31,617kWh, 30,717kWh and
29,525kWh, respectively, for the air heating and cooling system, the integrated system with an
active desiccant unit and the integrated system with a passive desiccant unit. In the cooling
season from June to September, the primary energy consumption of the integrated system with
an active ventilation unit is much higher than the air system and the integrated system with a
passive desiccant ventilation unit. The reason is that the active desiccant system uses natural gas
to regenerate the desiccant wheel. The regeneration processes reheat the supply air from 54 °F
after DX to 60°F, which reduces the cooling capacity of the cooling air. On the basis of energy
consumption, the single duct VAV system is slightly better than the current active desiccant
system during the summer. However, the integrated active desiccant system may provide more
control measures on indoor thermal comfort. Please see the discussion in Section 7.5.4 for more
information on this issue. The current system with an integrated active desiccant unit consumes
about 28.5% more thermal energy, 2.8% less electricity and 5.7% more primary energy than a
single duct VAV air heating and cooling system, on an annual basis. The current system with a
presumed passive desiccant ventilation unit consumes about 21.0% less thermal energy, 2.3%

less electricity and about 11.4% less primary energy than a single duct VAV system.
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Figure 7.19 Comparisons of Thermal Loads and Primary Energy Consumption of a Single Duct
VAV System and the Sensible Heating and Cooling System with an Integrated Passive
Ventilation Unit
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Figure 7.20 Comparisons of Electricity Loads of a Single Duct VAV System and the Sensible
Heating and Cooling System with an Integrated Passive Ventilation Unit

The estimated chilled water, hot water and electricity prices are $13/MMBtu, $11.5/MMBtu
and $0.09/kWh, respectively, based on current Texas A&M University physical plant data. The
current natural gas price is around $10.5/MMBtu for commercial customers. Figure 7.21
indicates the energy cost for these three different systems. It can be seen that the cost of the
passive desiccant system is lower than the air system and the active system, per month. The
active system costs less than the single duct VAV air system in winter, but it costs more than the

air system in summer. The annual cost of the passive system is 22.7% less than the single duct
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VAV system, while the annual cost of the active system is 2.4% less than the single duct VAV

air system.
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Figure 7.21 Energy Costs of the Three Different Systems

The above results are based on the simulation of the IW sensible heating and cooling system
and the integrated ventilation unit. This system supplies a near constant 3000CFM of
conditioned air to the IW during the summer in order to control indoor humidity to avoid
moisture condensation on the radiant panels. The design flow of a single duct VAV system for
the IW could be around 6000CFM. In the partial load condition of the summer, the integrated

system does not have too many advantages over the air heating and cooling system.

7.5.3. Energy Consumption at Optimal Operation Conditions

The infiltration not only affects the indoor humidity of a radiantly cooled office in the
summer, but also impacts the energy consumption. The comparison of primary energy
consumption in the previous chapter is based on the estimated IW infiltration discussed in
Chapter V1. If the sensible heating and cooling system ran in a very tight space, how would the
system perform? First, when the space is very tight, the building heating and cooling loads will
be smaller; second, the ventilation air flow rate can be largely reduced from 3000CFM to about
650CFM. The related fan power and energy used to condition the outside air can also be reduced.

As discussed in Chapter V, 650CFM can satisfy the indoor humidity requirement when
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infiltration is close to 0. Figure 7.22 compares the air heating and cooling system with two
integrated solid desiccant units, respectively, at a zero infiltration condition. The following

assumptions are used in the simulation process.
A. The ventilation rate is assumed to be 650CFM for these three different systems.
B. The exhaust air flow for both the active and passive ventilation units is 650CFM.

C. The supply air humidity ratio of the active desiccant unit is controlled by the
regeneration temperature and can be calculated by Equation 7.1. The average DX coil

COP s 3.1, based on the SEMCO REV 2250 measured data.
D. The supply air temperature after the DX is 54°F, 0.0091b/1b.

E. There is no return air mixed with the supply air in both the active and passive systems.
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80.00 B Integrated Passive System
Olntegrated Active System
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Figure 7.22 The Comparison of Primary Energy Consumption at a Zero Infiltration Condition

Figure 7.22 compares the primary energy consumption of three systems at optimal
conditions, where infiltration is O and the ventilation flow rate is 650CFM. It can be seen that the
primary energy consumption values of the two integrated desiccant systems are lower than that
of the single duct VAV air conditioning system every month. The integrated active desiccant

system uses more primary energy than the integrated passive desiccant system. As compared
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with the air system, the integrated passive and active desiccant systems use 24.8% and 15.7%

less primary energy, respectively, at optimal conditions.

By comparing Figure 7.22 with Figure 7.17, it can be found that the primary energy
consumption of all three systems is reduced when the infiltration is zero and the ventilation rate
is reduced to 650CFM. The primary energy consumption of a single duct VAV system would be
reduced 17.3% if the building was very tight. The integrated active system consumes 34.0% less
primary energy and the integrated passive system consumes 29.8% less primary energy than
their consumption at current infiltration conditions. The energy consumption of the three systems

is shown in the Appendix V.

Based on the energy prices listed in Section 7.5.3, the annual energy cost of the integrated
active system is 26.7% less than the single duct VAV system and the annual energy cost of the

integrated passive system is 35.6% less than the single duct VAV system.

7.5.4 The Integrated Active System Run as a VAV System

The current integrated active system supplies 3000 CFM in summer and 2000 CFM in
winter. When outside air humidity is less than 0.0081b/lbda, the IW may not need the above
amount of ventilation air for humidification, even in the high infiltration conditions. One strategy
is to control the ventilation air flow based on the outdoor air humidity ratio, because the current
supply air fan and return air fan are VFD controlled. When ventilation air flow rate is reduced,
the fan power consumption and the energy to condition the outside air can be reduced. To ensure
the operation of radiant panels without condensation, the indoor humidity ratio should be kept
below 0.009 1b/Ibda (dew point of 55°F) when the active system is running as a VAV system.
Figures 7.23 and 7.24 compare the thermal energy consumption, primary energy consumption
and electricity consumption of the IW when the active desiccant ventilation unit runs at constant
volume (CV) and variable volume (VAV) conditions. The following control logic is used in the

simulation process

A. In heating conditions, when outdoor air humidity ratio (Woa) is less than 0.0091b/1b,
OA flow (Voa) is set to 650 CFM, and return room air flow is set to zero. When

Woa is between 0.0091b/Ib and 0.0111b/Ib, total supply flow is controlled by the

0.011—-Woa

following linear equation: V :650+1355W. When outdoor air

flow

humidity ratio is higher than 0.011lb/lb, the total supply air is 2000 CFM
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(Vﬂow =2000CFM ). Voa is set to 650 cfm all the time and the return air is

controlled tobe V,, =2000-V .

return

B. In cooling conditions, when outdoor air humidity ratio (Woa) is less than 0.0091b/1b,
OA CFM (Voa) is set to 650 CFM, and return room air CFM is set to zero. When
Woa is between 0.0091b/Ib and 0.0111b/Ib, total supply flow is controlled by the

following linear equation: V, =650+23550'0(1)10$. When outdoor air

humidity ratio is higher than 0.011lb/lb, the total supply air is 2000 CFM

(VﬂoW =2000CFM ). In summer, the supply air humidity ratio is controlled to be
less than 0.0081b/lbda. The Voa is set to be 650 CFM all the time and the return air
is controlledtobe V_, =2000-V
120.00 B Thermal Load (CV), MMBtu
’ B Primary Energy Load(CV), MMBtu
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Figure 7.23 The Comparison of Thermal Load and Primary Energy Consumption of the
Integrated Active System Running at Constant Volume and Variable Volume Conditions

Figure 7.23 indicates that when the active desiccant ventilation unit runs as a VAV unit
(VAV model), it consumes less thermal energy than it does with CV operation, which supplies
constant volume of air to the IW. The primary energy consumption of the VAV model is also

less than that of the CV model in each month except August, when primary energy consumption
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is almost equal. On an annual basis, the primary energy consumption of the VAV model is 2.3%
less than a single duct VAV system, while the primary energy consumption of the CV model is
5.6% more than the single duct VAV system. The thermal energy and primary energy
consumption of the VAV model are 14.8% and 7.6% less than those of the CV model.
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Figure 7.24 The Comparison of Electricity Load of the Integrated Active System Running at
Constant Volume and Variable Volume Conditions

Figure 7.24 shows that electricity loads of the VAV model are lower than those of the CV
model in winter months, but they are higher in summer months. The reason is that when the
VAV model reduces the conditioned air to the space in summer, the sensible cooling system
(radiant panels and fan coils etc) meet more of the sensible cooling load. The electricity
consumption of the fan coil motors and pump motors increases. On an annual basis, the total
electricity consumption of the VAV model is 1.2% less than that of the CV model. The

simulated energy consumption of the two systems is shown in the Appendix VI.

The hourly simulation shows the indoor dew point temperature would not be above the
surface temperature of the radiant panels in the summer. There will only be 6 hours in a year
when the space dew point will be above the chilled water supply temperature of the radiant

panels. In general, there will not be condensation problems even at current infiltration levels.
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7.5.5 Humidity and Thermal Comfort

The active desiccant ventilation unit decoupled the sensible and latent loads of the IW. The
humidity level of the IW can be controlled independent of the IW’s sensible load. This system
ensures that both the radiant cooling and sensible cooling can run safely. Also, the indoor air
conditions are always within the ASHRAE comfort zone. The integrated system with a passive
desiccant unit can control the space humidity ratio by adjusting the ventilation air temperature
and flow rate. The radiant and sensible cooling devices in this system can operate safely during
most summertime hours. However, the indoor humidity control capability of the passive
desiccant system is limited to the cooling capability of the DX coil. The air temperature after the
DX coil in this unit normally cannot be lower than 50°F. This system does not work very well in

a leaky space.

The sensible and latent loads are coupled together in the air heating and cooling system. The
humidity control capability of the air heating and cooling system is much less than the two types
of integrated systems discussed above. The capability of removing the latent load in all air
system depends on the magnitude of the sensible load. The relative indoor humidity varies
between 45% and 70% (0.00121b/lb, 73°F) in the summer when using either air cooling or
sensible cooling with a passive desiccant ventilation unit. The integrated system with an active

ventilation unit has a superb ability to control the indoor air comfort level.

7.6 Summary

This chapter presents the sensible heating and cooling system of mullions, radiant panels,
cool waves and fan coils in the IW with an integrated active desiccant ventilation unit and a
passive desiccant ventilation unit, respectively. Based on the same input conditions, this chapter
compared the daily and monthly thermal, electricity and primary energy consumption of the IW
sensible heating and cooling system with a single duct VAV air heating and cooling system. The
results show that the current system with an integrated active desiccant ventilation unit consumes
about 28.5% more thermal energy, 2.8% less electricity and 5.6% more primary energy than a
single duct VAV air heating and cooling system. The current system with a presumed integrated
passive desiccant ventilation unit consumes 21.0% less thermal energy, 2.3% less electricity and
about 11.4% less primary energy than a single duct VAV system. On the basis of thermal
comfort, the current integrated active desiccant ventilation system can easily control the relative

indoor humidity ratio below 50% (0.0091b/lb, 73°F) in the summertime, while the passive
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desiccant ventilation system or the air heating and cooling system cannot control the indoor
humidity ratio very well. The relative indoor humidity ratio varies between 45% and 70%

(0.00121b/1b, 73°F) in summer when using these two types of systems.

By assuming that the infiltration is close to zero and the ventilation is 650CFM for the three
systems, it is found that the primary energy consumption of all three systems could be greatly
reduced: 17.3%, 34.0%, and 29.8% for air, integrated active and passive systems, respectively.
The primary energy consumption of an integrated passive desiccant system is 24.8% less than a
single duct VAV air system. The primary energy consumption of the active integrated desiccant
system is 15.7% less than a single duct VAV air system, and it provides much better indoor
humidity control. The energy consumption comparison of the three systems studied in this

chapter is show in Table 7.5.

Table 7.5 Primary Energy Consumption Comparison of Three Systems

Integrated Active Desiccant System Integrated Passive Single Duct VAV Air
Desiccant System System
Current No Current Current No Current No
Leakage leakage Leakage Leakage leakage Leakage leakage
Condition, | Condition, | Condition, | Condition, | Condition, | Condition | Condition
CV 650 CFM | VAV CV 650 CFM
Thermal Load,
MMBtu 348.46 143.48 296.92 214.37 123.08 271.19 183.19
Electricity
Load, kWh 30717 28133 30340 30904 24716 31617 30705
Primary Energy
Consumption, 783.30 516.83 724.16 657.11 461.05 741.44 613.14
MMBtu
*Primary
Energy
Consumption 5.6% -15.7% -2.3% -11.4% -24.8% 0.0% -17.3%
Compared with
SDVAV

* Primary energy consumption of desiccant systems at no leakage condition is compared with

SDVAY at no leakage condition and vice versa.

The current sensible heating and cooling systems with an integrated active desiccant

ventilation unit are not very efficient for the following reasons. A high leakage rate into the
space admits a significant amount of moisture during the summer. In order to reduce the space
humidity and make the radiant cooling system run without condensation, the ventilation system

is set to supply 3000CFM of conditioned air with regeneration reheat. The supply air flow rate is
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nearly half the design flow of an air heating and cooling system. Under partial load conditions
during the summer, this system works similarly to a constant volume air system with reheat, and
has little advantage over a single duct VAV air heating and cooling system with regards to
energy consumption. At the current infiltration condition, if the active desiccant system runs as a
VAV model using VFD drive fans, the thermal energy load, electricity load and primary energy
consumption could be reduced by 14.8%, 1.2% and 7.6% respectively compared with the
constant volume model. The integrated active desiccant system decouples the sensible and latent
loads of the space. The indoor humidity level can be controlled independently, which is helpful

for improving the indoor comfort level.
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CHAPTER VIII

CONCLUSIONS AND RECOMMENDATIONS

8.1 Conclusions

This research investigates a low energy consumption building which uses radiant heating,
cooling and a desiccant ventilation unit. The following aspects have been studied in detail: the
heat transfer process of radiant mullions and overhead radiant panels, the impact of the radiator
position on heating load and thermal comfort, the influence of infiltration on indoor humidity in
a radiantly cooled office with a solid desiccant ventilation unit, and an energy consumption
comparison of the sensible heating and cooling systems with a single duct VAV system. The

conclusions and observations are summarized as follows.

8.1.1 The Simulation and Verification Study of the Radiant Mullions

The IW radiant mullion system is one type of facade heating and cooling system. No
detailed study has been found in the available literature. This dissertation studies the heat
transfer process of window mullion radiators and proposes one group of models to simulate the
performance of radiant mullions. The simulation results have been compared with ten days of
measured data. The comparison shows that the heat transfer models predict the measured
temperatures with root mean square errors (RMSE) of the hot water return temperature, mullion

surface temperature, and window surface temperature of 0.90°F, 0.98°F and 1.15°F, respectively:

The performance study of radiant mullions has shown that hot water and chilled water
supply temperatures are the primary factors affecting the heating or cooling capacity of radiant
mullions and the mullion surface temperature. The window surface temperature distribution is
affected by the mullion surface temperature and the inside and outside air temperatures. The
temperature gradient on the glazing surface within one foot from the mullions is much higher
than in the central part of the window. The temperatures in the central 2 feet of a 4-foot window
show almost no influence from the mullion surface temperature.

The conductive thermal resistance of the mullion double tubes and gap filling plays a
decisive role in controlling the mullion and window frame temperatures. The increased mullion
tube conductive resistance results in a lower surface temperature for heating and a higher surface
temperature for cooling. The higher surface temperature for cooling may be intended to lower

the risk of moisture condensation on the surface of the mullion in the cooling condition.
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However, the enhanced thermal resistance decreases the heating and cooling capacity of the
mullion. If the mullions are only used for heating, a single tube structure is recommended.

From the design perspective, the window width or spacing between the mullions has little
impact on the heating capacity or mullion surface temperature. However, the space between the
mullions will somewhat affect the window inner surface temperature distribution and average

window temperature.

8.1.2 The Simulation Study of the Overhead Panels

The heat transfer principles of the overhead radiant panels are studied and a heat transfer
model has been set up, which can be solved for the supply water outlet temperature, average
panel surface temperature and overall panel surface heat transfer coefficient. The study has
found that the heating and cooling capacity of the overhead panel without top insulation is a

semi-linear function of the supply water temperature when the flow rate is fixed.

The cooling capacity of the overhead radiant panel is around 44.63Btu/(hr-°F) at the chilled
water supply temperature of 55°F; it is greatly affected by the room air temperature and slightly
affected by the water flow rate. The heating capacity of the overhead radiant panel is around
144.12 Btu/(hr-°F) at the hot water supply temperature of 120°F. Room air temperature and
supply water flow rate affect the heating input of the overhead radiant panels. The heating
capacity increases about 8.5% when the room air temperature drops from 72°F to 68°F, and it

decreases about 14.2% if the hot water flow rate is reduced to half of the design flow rate.

The thermal contact resistance between the water tubes and the aluminum radiant panels has
a significant impact on the thermal performance of the overhead radiant panels. When the
thermal contact resistance increases to 0.2 Btu/(hr-°F), the cooling capacity drops about 18.6%
and the heating capacity drops about 20.6%. The thermal contact resistance should be reduced to

be as small as possible in the design processes.

8.1.3 The Impact of the Radiator Position on Heating Load and Thermal Comfort

The position of the radiators in a radiantly heated office has been shown to impact the
heating load and the thermal comfort distribution inside the room. When radiators are close to
the window, the increase of window surface temperature is higher than when the radiator is

located in the center of the ceiling. The energy savings relative to the convective air system
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depend on the outside air supply rate. When the outside air supply rate and the rate of infiltration
increase, the energy savings of the radiant system also increase.

The control device used also affects the energy consumption of a radiant heating system. If
the dry bulb temperature thermostat is used instead of an operative temperature thermostat in a
radiantly heated space and the air temperature is set at the same point as that which is used for
air heating, radiant heating will increase the heating load as much as 11.5% higher compared to
the air heating for the cases studied.

On the basis of thermal comfort, radiators located close to the window can reduce down
draft, prevent cold penetration inside a room and make the operative temperature distribution

much more uniform than when the radiator is located in the center of the ceiling.

8.1.4 Indoor Humidity Analysis and the Desiccant Ventilation Units

The indoor humidity study has found that the active desiccant ventilation system dries a
space deeply and continuously, while a passive desiccant ventilation system dries a space more
energy efficiently. The moisture removal capacity of a passive desiccant system depends upon
the dryness of the exhaust air. When a passive ventilation system is the only source of

dehumidification, the system cannot remove moisture without post-desiccant cooling.

High infiltration is one of the main causes of condensation in a radiantly cooled space during
the summer. Radiant panels cannot work without condensation in a leaky space, even if the
supply air is conditioned to 52°F, 0.0081b/lb. Pressurizing the space with ventilation air is one of
the possible solutions available for avoiding water condensation on the surface of radiant cooling
panels in a leaky building. The infiltration and ventilation rate has a significant impact on energy
consumption in an oversized ventilation system. The primary energy consumption can increase
by 35.7% when the infiltration rate increases from 0.0 to 0.45; and at the same infiltration
condition of 0.45 ACH, the primary energy consumption would increase about 42.4% when the

ventilation rate increases from 650 CFM to 1600 CFM.

8.1.5. The Infiltration Study of the IW

The indoor humidity study has identified infiltration as a major factor that affects energy
consumption and the safe operation of the radiant cooling system. This dissertation reviews the
previous infiltration study of the IW that used the tracer gas method, reanalyzes the CO,

concentration data, and evaluates the infiltration by using logged humidity data. The results for
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the IW’s infiltration range from 0.78-1.31ACH by the tracer gas method, 0-1.2 ACH by the CO,
concentration method, 0.5-2.0 ACH from the logged humidity data.

A significant portion of the leaking air has been found to come from the plenum and the
third floor. A simulation study of the IW using DOE2.1 identified an estimated rate of outside air
leakage, based on the calibration of the simulation to the measured heating consumption data.
Combining the results of the calibrated DOE2 simulation and the blower door measurement,
third floor air leakage into the IW can be estimated. This process gives outside air leakage
ranging from 0.1-0.5 ACH, while the third floor air leaking into the IW may range from 0.46-
1.03 ACH.

8.1.6 The Comparison of a Sensible Heating and Cooling System with a Single Duct VAV
System

The IW used radiant heating and cooling with a passive desiccant ventilation unit before the
winter of 2005. The passive desiccant ventilation system was replaced by an active desiccant
ventilation system for testing purposes during the winter of 2005. A group of fan coil units are
planned for installation in the southern zone to offer additional cooling in the near future. The
sensible heating and cooling system of mullions, radiant panels, cool waves and fan coils in the
IW has been simulated. Based on the same input conditions, this dissertation compared the daily
and monthly thermal, electricity and primary energy consumption of the IW sensible heating and
cooling system with a single duct VAV air heating and cooling system. The results have shown
that the current system with an integrated active desiccant ventilation unit consumes about
28.5% more thermal energy, 2.8% less electricity and 5.6% more primary energy than a single
duct VAV air heating and cooling system. The current system with a presumed integrated
passive desiccant ventilation unit consumes 21.0% less thermal energy, 2.3% less electricity and
about 11.4% less primary energy than a single duct VAV system. On the basis of thermal
comfort, the current integrated active desiccant ventilation system can easily control the relative
indoor humidity ratio below 50% (0.0091b/lb, 73°F) in the summer, while the integrated passive
desiccant system and the air heating and cooling system cannot control the indoor humidity ratio
very well. The relative indoor humidity ratio varies between 45% and 70% (0.00121b/Ib, 73°F) in

the summer by using these two types of systems.

By assuming that the infiltration is close to zero and the ventilation is 650CFM for the three

systems, it is found that the primary energy consumption of all three systems could be greatly
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reduced: 17.3%, 34.0%, and 29.8% for air, integrated active and passive systems, respectively.
The primary energy consumption of an integrated passive desiccant system is 24.8% less than a
single duct VAV air system. The primary energy consumption of the active integrated desiccant
system is 15.7% less than a single duct VAV air system, and it is much better with regards to

indoor humidity control.

8.2 Recommendations for Future Work

This dissertation has done a comprehensive investigation of the technical issues relative to
radiant heating and cooling systems. The study has covered radiant component modeling, indoor
humidity analysis, system operation strategies, an infiltration investigation, and integrated
system simulations and comparisons. In order to make this research more valuable, some future

work is recommended, as follows.

The overhead radiant panels are currently only used for cooling. There is no measured data
available. Although the overhead panel simulation model in Chapter III produced reasonable
results, the model would work better if it can be verified by measured data in the future. The
following data need to be collected in order to verify the performance of the radiant panels:
water flow rate, panel inlet water temperature, panel outlet water temperature, room air

temperature, and panel surface temperature.

The active desiccant ventilation unit is currently the largest energy consumption unit in the
Intelligent Workplace. It has been in operation for only one year. This device is tested and
commissioned now. The yearly detailed operation data is not yet available. The integrated
system simulation should be compared with the yearly measured data to yield more credible

results.

The ultimate goal of this research project is to build a micro-cogeneration system powered
by a fuel cell or diesel engine and connect this cogeneration system with the sensible heating and
cooling system in the IW. When the cogeneration unit is installed, the exhaust heat from the
engine or fuel cell could be used as the heat source for active desiccant wheel regeneration. If the
waste heat from the prime mover is used for regeneration, the efficiency of the integrated
sensible heating and cooling with an active desiccant ventilation unit would be greatly improved.

The simulation of the sensible heating and cooling system needs to be integrated with the
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simulation of the micro cogeneration system in order to evaluate the overall system efficiency.

This work needs to be carried out in the future as the project progresses.
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NOMENCLATURE
Chapter II
D, room air correction factor
D, flow rate correction factor
fi inside air temperature weighting factor
fon outside air temperature weighting factor
F,. _ view factor between window and surface i
F_, view factor between mullion tube and surface i
k thermal conductivity, Btu/(hr-ft-°F)
h, convective heat transfer coefficient, Btu/(hr-ft*-°F)
win convective heat transfer coefficient at window indoor surface, Btu/(hr-ft>-°F)
h,_, convective heat transfer coefficient at mullion tube, Btu/(hr-ft*-°F)
hin convective heat transfer coefficient between water and mullion tube inside surface,
Btw/(hr-ft*-°F)
h, radiation heat transfer coefficient between surface I and surface s, Btu/(hr-ft’-°F)
L, fin length, ft
L, half of window frame width, ft
m hot or chilled water mass flow rate passing through single mullion, gpm
M. hot or chilled water mass flow rate passing through mullion system, gpm
NU Nusselt number

Pr Prandtl number



q,
q‘ﬁn

Qrotal

south
north

THW?S

al

mullion—s

tube

hws

heat transfer loss from mullion tube surface, Btu/(hr-ft*)

conduction heat transfer rate at fin root, Btu/(hr-ft%)

mullion system heating or cooling capacity, Btu/hr
window conductive resistance, (hr-ft2-°F)/Btu
conductive thermal resistance of mullion double tubes, (hr-ft2-°F)/Btu
south zone temperature, °F

north zone temperature, °F

hot water temperature set point, °F

hot water temperature, °F

outside air temperature, °F

room air temperature, °F

equivalent air temperature, °F

mullion surface setting temperature, °F

mullion tube inside surface temperature, °F

hot water bulk temperature, °F

hot or chilled water return temperature, °F

mullion surface temperature, °F

window frame surface temperature, °F

mullion tube surface temperature, °F

hot water supply temperature, °F
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chilled water supply temperature, °F

cWs

T, mullion tube surface temperature, °F

T, window glass inside surface temperature, °F

T, mean radiant temperature of indoor space , °F

T, window frame temperature, °F

T window fin surface temperature, °F

thk thickness of mullion fin, ft

U., overall heat transfer coefficient at mullion fin surface, Btu/(hr-ft*-°F)
U., overall heat transfer coefficient at window frame surface, Btu/(hr-ft*-°F)
U,. overall heat transfer coefficient of window frame, Btu/(hr-ft*-°F)
Chapter 111

A, panel surface area, ft*

Cp specific heat, Btu/(1b-°F)

D outside diameter of the water tube, ft

D, room air correction factor,

D, flow rate correction factor

F, panel heat transfer efficient factor

F; fin heat transfer coefficient

Fr panel heat recovery factor

hi,, water side convective heat transfer coefficient, Btu/hr-ft>-°F

h convective heat transfer coefficient, Btu/hr-ft*-°F

K thermal conductivity, Btu/hr-ft-°F



4

%

4,
4,
Oco
Qo
QC

Oy

root length of the connection part between panel and tube, ft
constant used in fin heat transfer calculation

equivalent heat transfer area, ft>

heat transfer rate of the fin, Btu/(hr-ft%)
heat transfer rate of the base, Btu/(hr-ft*)

total heat transfer rate through the pane, Btu/(hr-ft*)
heat transfer rate through root surface, Btu/(hr-ft*)
overall heat input from one panel module, Btu/(hr-ft)
cooling capacity per unit area, Btu/(hr-ft)

heating capacity per unit area, Btu/(hr-ft*)

total cooling capacity, Btu/hr

total heating capacity, Btu/hr
contact thermal resistance, Btu/(hr-ft’-°F)

radius of water tube, ft
room air temperature, °F
fin base temperature, °F
water temperature, °F

water inlet temperature, °F
water outlet temperature, °F

mean panel surface temperature, °F
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overall heat transfer coefficient by assuming panel surface temperature is fluid inlet

temperature, Btu/(hr-ft*-°F)



o
Subscripts
c,b

r,b

c,t

r,t

Chapter IV

rwin

rwj

160

actual average panel surface heat transfer coefficient, Btu/(hr-ft>-°F)
panel width, ft
emissivity

Stefan-Boltzmann constant, 0.1714x10-8, Btu/(h—ft2-°R)

panel bottom side convective heat transfer
panel bottom side radiation heat transfer
panel top side convection heat transfer

panel top side radiation heat transfer

specific heat of air, Btu/(Lb-°F)

view factor between occupant and room surfaces

view factor from surface s to surface i

view factor from wall j to surface i

coefficient of convective heat transfer, Btu/(h-ft>-°F)

convective heat transfer coefficient of ceiling, Btu/(h-ft*-°F)

convective heat transfer coefficient of radiator surface(s) , Btu/(h-ft>-°F)
convective heat transfer coefficient of window pane inside surface, Btu/(h-ft*-°F)
convective heat transfer coefficient of wall inside surface, Btu/(h-ft*-°F)

radiant heat transfer coefficient between two surfaces, Btu/(h-ft>-°F)

radiant heat transfer coefficient between surface i and radiation panels, Btu/(h-ft>-°F)
radiant heat transfer coefficient between surface i and window, Btu/(h-ft>-°F)

radiant heat transfer coefficient between surface i and wall surface, Btu/(h-ft>-°F)



Ja

vent

Rwin
q
Qair
4 gain
q,

q radiator

coefficient of thermal conductivity, Btu/(hr-ft-°F)

infiltration mass flow rate, Lb/hr

ventilation mass flow rate, Lb/hr

thermal resistance of surfaces, (hr-ft>-°F)/Btu
thermal resistance of window, (hr-ft’-°F)/Btu

heat generation per unit area per unit time, Btu/(hr-ft)
net heat input by air heating, Btu/hr
internal heat gain, Btu/hr

net radiant heat transfer per unit area per unit time, Btu/(hr-ft*)
net heat input by radiator, Btu/hr

room air temperature, °F

surface temperature, °F

average temperature of two surfaces, °F
outside air temperature, °F

operative temperature, °F

radiator surface temperature, °F

mean radiant temperature, °F

inside surface temperature of window pane, °F
surface temperature of wall j, °F
ventilation air temperature, °F
emissivity

Stefan-Boltzmann constant
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Chapter V

ach, hourly air exchange ratio

F1 ideal isopotential line of enthalpy

F2 ideal isopotential line of relative humidity
C, specific heat capacity, (Btu/Ib*F)

m mass flow rate, 1b/hr

My, moisture generation, 1b/hr

T temperature, °F or K

V. space volume, ft

V‘Y supplied outside air flow volume rate, ft'/hr
Yo, air density, 1b/ft’

W absolute humidity ratio, 1b/lb

LS moisture transfer effectiveness

&, sensible heat transfer effectiveness

Er effectiveness of total energy transfer at optimum rotary speed
&, effectiveness of moisture transfer at optimum rotary speed
Subscripts

S supply air

0 outside air

r room air

ol inlet of supply air at passive or active wheel

02 outlet of supply air at passive or active wheel
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el inlet of exhaust air at passive desiccant wheel

e2 outlet of exhaust air at passive desiccant wheel

r,1 inlet of regeneration air at active desiccant wheel

r,2 outlet of regeneration air at active desiccant wheel

min minimum

Chapter VI

m,, CO, flow into the space, 1b/hr

m,, CO, flow out of the space, Ib/hr

My, CO, generation in the space 1b/hr

V. IW volume, ft’

a air change rate per hour

P density of CO,, kg/m’

AL equivalent or effective air leakage area, in’

Q: predicted or measured air flow rate at AP, CFM

P air density, Ib,/ft’

Ap, reference pressure difference, inches. of water

Coh discharge coefficient, 0.65

Cs unit conversion factor, 0.186

Wm moisture entering the space by infiltration and mechanical ventilation, Lb/hr
W{m, moisture leaving the space by exhaust air and exfiltration, Lb/hr

w moisture generated by the occupants, Lb/hr

moisture storage in the space, assumed to be O in this analysis, 1b/hr

storage



mechanical ventilation air humidity ratio, Ib/lbda
outside air humidity ratio, Ib/lbda

indoor humidity ratio, 1b/Ibda

supply air flow rate, CFM

IW space volume, 86000 ft’

exhaust air and return air flow rate, CFM

infiltration rate

air density 1b/ft’
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PERFORMANCE OF A SINGLE MULLION AT HEATING CONDITION

To | Thws | Trewrn | Flow Qinput Twve | Twin | Twar | Trame | Thin Rt
(F) | (B | (B | (bls) |Bwhr) | (B | (B | (B | (B | (B | (ff-hr-F))
38 | 75 | 74.2 | 0.232 94.5 73.6 | 614 | 725 | 72.5 | 72.8 0.041
38 | 77 | 76.0 | 0.232 1203 | 752 | 614 | 725 | 739 | 74.3 0.041
38 | 79 | 77.7 | 0.232 1473 | 76.8 | 614 | 725 | 753 | 75.7 0.041
38 | 81 | 79.5 | 0.232 1753 | 783 | 61.5 | 72.5 | 76.6 | 77.2 0.041
38 | 83 | 81.2 | 0.232 | 2040 | 799 | 61.5 | 725 | 780 | 78.6 0.041
38 | 85 | 83.0 | 0.232 | 2333 81.5 | 61.6 | 72.5 | 79.3 | 80.0 0.041
38 | 87 | 84.7 | 0.232 | 263.1 83.0 | 61.6 | 72.5 | 80.6 | 81.4 0.041
38 | 89 | 86.5 | 0.232 | 2934 | 845 | 616 | 725 | 82.0 | 82.7 0.041
38 | 91 | 88.2 | 0.232 | 3242 | 86.1 | 61.7 | 72.5 | 83.3 | 84.1 0.041
38 | 93 | 89.9 | 0.232 | 3554 | 87.6 | 61.7 | 725 | 84.5 | 85.5 0.041
38 | 95 | 91.7 | 0.232 | 3870 | 89.1 | 61.8 | 725 | 858 | 86.8 0.041
38 | 97 | 934 | 0.232 | 4189 | 90.7 | 61.8 | 725 | 87.1 | 88.2 0.041
38 1 99 | 95.1 | 0.232 | 4512 | 922 | 619 | 725 | 884 | 89.5 0.041
38 | 101 | 96.8 | 0.232 | 483.8 | 937 | 619 | 725 | 89.6 | 90.8 0.041
38 | 103 | 98.5 | 0.232 | 516.7 | 952 | 619 | 725 | 909 | 92.2 0.041
38 | 105 | 100.3 | 0.232 | 5499 | 96.7 | 62.0 | 725 | 922 | 93.5 0.041
38 | 107 | 102.0 | 0.232 | 5835 | 982 | 620 | 725 | 934 | 948 0.041
38 | 109 | 103.7 | 0.232 | 617.2 | 99.7 | 62.1 | 72.5 | 94.6 | 96.1 0.041
38 | 111 | 1054 | 0.232 | 651.3 [101.2| 62.1 | 72,5 | 959 | 974 0.041
38 | 113 | 107.1 | 0.232 | 685.6 | 1026 | 622 | 725 | 97.1 | 98.7 0.041
38 | 115 | 108.8 | 0.232 | 7202 | 104.1 | 622 | 72.5 | 98.3 | 100.0 0.041
38 | 117 | 110.5| 0.232 | 755.0 | 1056 | 623 | 72.5 | 99.5 | 101.3 0.041
38 | 119 | 1122 0.232 | 790.1 |[107.1 | 62.3 | 72.5 | 100.8 | 102.6 0.041
38 | 121 | 113.9 | 0.232 | 8254 | 1085 | 623 | 72.5 | 102.0 | 103.9 0.041
38 | 123 | 115.6 | 0.232 | 8609 | 1100 624 | 72.5 | 103.2 | 105.2 0.041
38 | 125 | 117.3 | 0.232 | 896.7 |[111.5] 624 | 72.5 | 104.4 | 106.4 0.041
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PERFORMANCE OF A SINGLE MULLION AT COOLING CONDITION

To | Thws | Tretun Flow Qinput Twve | Twin | Twan | Thame | Thin Rt
(F) | (B | (P (b/s) | Bwhr) | (F) | (B | (B | () | (B | (f*-hr-F)
68.6 | 45.0 | 48.4 0.232 -399.4 | 51.0 | 72.5 | 74.0 | 54.1 | 53.2 0.041
68.6 | 47.0 | 50.2 0.232 -369.1 | 52.6 | 72.6 | 74.0 | 554 | 54.6 0.041
68.6 | 49.0 | 51.9 0.232 -339.1 | 54.1 | 72.6 | 74.0 | 56.7 | 56.0 0.041
68.6 | 51.0 | 53.7 0.232 -309.1 | 55.7 | 72.6 | 74.0 | 58.0 | 57.3 0.041
68.6 | 53.0 | 55.4 0.232 2794 | 572 | 727 | 74.0 | 59.3 | 58.7 0.041
68.6 | 55.0 | 57.2 0.232 2498 | 58.8 | 72.7 | 74.0 | 60.7 | 60.1 0.041
68.6 | 57.0 | 58.9 0.232 -2204 | 60.3 | 72.8 | 74.0 | 62.0 | 61.5 0.041
68.6 | 59.0 | 60.6 0.232 -1913 | 619 | 728 | 74.0 | 63.3 | 62.9 0.041
68.6 | 61.0 | 62.4 0.232 -162.5 | 63.5 | 729 | 74.0 | 64.7 | 64.3 0.041
68.6 | 63.0 | 64.2 0.232 -133.9 | 65.0 | 729 | 74.0 | 66.0 | 65.7 0.041
68.6 | 65.0 | 65.9 0.232 -105.7 | 66.6 | 73.0 | 74.0 | 674 | 67.2 0.041
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PERFORMANCE OF OVERHEAD RADIANT PANEL AT HEATING CONDITIONS

MO Ta Thws T return T PM UO Q
(gpm) (°F) (°F) (°F) (°F) (Btu/hr-ft*-°F) | (Btu/ft*-hr)
0.22 72 80 78.31 79.44 2.69 19.99
0.22 72 82 79.84 81.26 2.75 25.44
0.22 72 84 81.37 83.07 2.80 31.01
0.22 72 86 82.89 84.86 2.85 36.68
0.22 72 88 84.40 86.65 2.90 42.45
0.22 72 90 85.91 88.42 2.94 48.30
0.22 72 92 87.40 90.19 2.98 54.24
0.22 72 94 88.90 91.96 3.02 60.25
0.22 72 96 90.38 93.71 3.06 66.34
0.22 72 98 91.86 95.46 3.09 72.49
0.22 72 100 93.33 97.20 3.12 78.71
0.22 72 102 94.80 98.94 3.15 85.00
0.22 72 104 96.26 | 100.67 3.19 91.34
0.22 72 106 97.72 | 102.40 3.22 97.75
0.22 72 108 99.17 | 104.11 3.24 104.21
0.22 72 110 100.62 | 105.83 3.27 110.73
0.22 72 112 102.06 | 107.54 3.30 117.31
0.22 72 114 103.50 | 109.24 3.33 123.93
0.22 72 116 104.93 | 110.94 3.35 130.61
0.22 72 118 106.36 | 112.63 3.38 137.34
0.22 72 120 107.79 | 114.32 3.41 144.12
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PERFORMANCE OF OVERHEAD RADIANT PANEL AT COOLING CONDITIONS

M, T, Thws T return T pm Uo Q
(gpm) (°F) (°F) (°F) (°F) (Btu/hr-f*-°F) | (Btu/ft>-hr)
0.22 72 45 51.00 47.20 2.86 70.82
0.22 72 47 52.53 49.01 2.84 65.29
0.22 72 49 54.06 50.82 2.82 59.78
0.22 72 51 55.60 52.64 2.80 54.29
0.22 72 53 57.14 54.45 2.78 48.83
0.22 72 55 58.68 56.27 2.76 43.41
0.22 72 57 60.22 58.10 2.73 38.02
0.22 72 59 61.77 59.92 2.70 32.67
0.22 72 61 63.32 61.75 2.67 27.37
0.22 72 63 64.87 63.59 2.63 22.13
0.22 72 65 66.44 65.44 2.58 16.96




ENERGY CONSUMPTION COMPARISON OF SDVAV, ACTIVE AND PASSIVE DESICCANT SYSTEMS AT NO

APPENDIX V

LEAKAGE OPERATION CONDITION

MONTH Single Duct VAV Air System Integrated Passive System Integrated Active System

Thermal, | Electricity, | Primary | Thermal, | Electricity, Primary Thermal, | Electricity, | Primary

MMBtu KW Energy, MMBtu KW Energy, MMBtu KW Energy,

MMBtu MMBtu MMBtu
Jan 43.30 1887 80.41 53.60 1763 59.26 27.42 2082 60.82
Feb 33.86 1558 63.87 41.94 1458 49.00 22.62 1746 50.48
Mar 18.51 1550 43.30 23.03 1419 34.80 12.70 1714 37.05
Apr 13.82 1462 35.98 15.16 1313 29.66 10.03 1590 32.08
May 4.81 2009 30.55 3.69 1810 25.45 3.08 1990 27.70
Jun 0.00 4411 52.99 0.00 2989 35.90 6.06 3268 45.33
Jul 0.00 4624 55.55 0.00 3153 37.88 6.48 3458 48.02
Aug 0.00 4654 55.91 0.00 3188 38.31 6.86 3487 48.75
Sep 0.00 3362 40.39 0.00 2759 33.15 5.61 3049 42.24
Oct 11.05 1609 34.06 10.34 1461 26.55 6.55 1721 29.04
Nov 22.82 1688 50.71 25.81 1593 38.14 13.58 1899 40.42
Dec 35.01 1892 69.41 40.81 1809 52.95 22.48 2128 54.90
Total 183.19 30705 613.14 214.37 24716 461.05 143.48 28133 516.83

LLY
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ENERGY CONSUMPTION COMPARISON OF INTEGRATED ACTIVE DESICCANT SYSTEMS OPERATED AT CV,
VAV MODEL, AND CURRENT LEACKAGE CONDITION

Active System at Constant Volume

Active System at VAV

Single Duct VAV System

Trllermal Electricity Primary Thermal | Electricity EI;Z]:;? Thermal | Electricity Primary
MONTH oad Load Energy. Load Load Consumption | Load, Load, Energy.
(CV), (CV), Consumption | (VAV), (VAV), (VAV) MMBtu KWh Consumption,

MMBtu kWh (CV), MMBtu | MMBtu kWh MMB'[L,J MMBtu

Jan 57.12 1985 97.65 52.95 1767 90.29 65.35 2090 112.25
Feb 44.16 1669 76.90 41.33 1465 71.40 50.88 1699 88.25
Mar 21.04 1652 46.47 22.74 1441 46.69 29.04 1622 58.20
Apr 14.98 1575 37.70 15.10 1343 35.47 20.59 1506 45.54
May 5.73 1722 27.40 4.57 1861 27.83 6.83 2016 33.32
Jun 27.61 4124 7717 19.77 4161 69.77 0.00 4511 54.20
Jul 29.84 4418 82.91 21.49 4466 75.15 0.00 4719 56.69
Aug 30.38 4494 84.37 25.48 5073 86.42 0.00 4705 56.53
Sep 25.42 3700 69.87 17.07 3845 63.27 0.00 3392 40.75
Oct 13.88 1637 37.03 10.58 1492 31.26 15.18 1628 39.80
Nov 30.73 1727 60.19 25.55 1612 52.41 33.86 1747 66.14
Dec 47.57 2015 85.64 40.30 1812 74.20 49.47 1982 89.77
Total 348.46 30717 783.30 296.92 30340.2 724.16 271.19 31617 741.44
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