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ABSTRACT

Analytical and Experimental Evaluation of the Leakage and Stiffness
Characteristics of High Pressure Pocket Damper Seals. (December 2003)
Ahmed Mohamed Gamal Eldin, B.Sc., The American University in Cairo, Egypt
Chair of Advisory Committee: Dr. John M. Vance

This thesis presents numerical predictions for the leakage and direct stiffness
coefficients of pocket damper sedls. Modifications made to earlier flow-prediction
models are discussed. Leakage and static pressure measurements on straight-through
and diverging configurations of eight-bladed and twelve-bladed seals were used for code
validation and for calculation of seal discharge coefficients. Higher than expected
leakage rates were measured in the case of the twelve-bladed seal, while the leakage
rates for the eight-bladed seals were predicted reasonably accurately.

Results are presented for shake tests conducted on the seals at pressures of up to
1000 Psi (6.90 MPa). Test variables included pressure drop across the seals and rotor
speed. The experimentally obtained stiffness coefficients are compared to results of a
rotordynamic damper seal code, which uses the corrected mass flow-rate calculation
method. Results show that the code under-predicts the magnitude of the seal’s stiffness
for most test cases. However, genera trends in the frequency dependency of the direct
stiffness are more accurately predicted. The expectation of high values of negative
stiffness in diverging seals is confirmed by the results, but the frequency at which the
sign of the stiffness becomes positive is considerably lower than is predicted.

In addition to presenting high-pressure test data, this thesis also attempts to provide
some insight into how seal parameters can be modified to obtain desired changes in seal

stiffness.
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CHAPTERI

INTRODUCTION

The use of high-speed turbomachines has become essential in severa industries
today. Numerous modern applications in the oilfield, aviation, defense, and power
generation industries would be infeasible without the rotating equipment that is regularly
employed. With a constant demand for higher rates of productivity, turbomachines are
being designed to run faster, operate more efficiently, and last longer. The result is a
need to reach an optimum balance between a turbomachine's leakage characteristics and
its rotordynamic performance while dealing with ever-tightening clearances between
rotor and stator.

The operating speeds that can be reached today would not have been possible
without significant research in the area of rotordynamics. Annular gas seals are essential
to the successful operation of a turbomachine in that they limit the leakage across
regions of unequal pressure. Labyrinth seals have been invaluable in this respect due to
their desirable leakage prevention characteristics and their non-contacting nature, which
allows rotor speed to be increased significantly. These seals do, however, have certain
undesirable rotordynamic characteristics, mainly related to instability. In addition, they
offer only limited damping of rotor vibrations, leaving the bearing locations as the only

feasible location to add significant damping.
POCKET DAMPER SEAL BACKGROUND
In 1991 a seal was developed at Texas A&M University that did not exhibit the

labyrinth seal’s instability problems, and at the same time allowed the application of a
considerable amount of damping at the seal location. Since that time, this Pocket

This thesis follows the style and format of the ASME Journal of Engineering for Gas
Turbines and Power.



Damper Seal (PDS), known as the TAMSEAL", has shown in both tests and field
applications that it can lower rotor vibration amplitudes significantly. These seals can be
used in place of the labyrinth seals currently employed in compressors. As was
indicated above, the requirements of low leakage and high damping are at times
contradictory and must be optimized for each specific application. For the maximum
possible damping, the PDS would have only two blades (and therefore one cavity), but
this configuration is unlikely to meet a given application’s leakage requirements. Thus
far, the PDS's leakage characteristics have been less well understood than its
rotordynamic properties, especially the direct damping.

Figure 1 Diverging Ten-Bladed PDS

The PDS's superior stability arises mainly from the fact that the annular cavities
formed by the sedl’s blades are divided by partition walls. These walls greatly reduce
circumferential fluid flow around the seal, which in turn reduces the destabilizing cross-
coupled stiffness of the seal. The PDS' s damping characteristics result from the pressure

that develops in the pockets (the sections of the cavity closed in by the partition walls).



If the seal’s tooth-to-rotor clearances diverge along the direction of fluid flow, the
resulting dynamic pressure will ideally be about 90° out of phase with the displacement,
in adirection opposing the velocity (this, by definition, is positive damping).

In order to avoid a series of progressively increasing clearances (which would be
detrimental to the seal’ s leakage characteristics), the PDS features an inactive cavity that
serves to equalize the pressure before the fluid passes into the next active cavity. Figure
1 shows a schematic of a ten-bladed PDS (five active and four inactive cavities) with
diverging clearances.

Recently, the diverging clearances have been replaced with notches in the exit
blades, and the seals are currently being tested under considerably higher pressures than
before.

RESEARCH OBJECTIVE
An important characteristic of the PDS is that it has negative stiffness. While this

would, in most cases, be too small to offset an actual system’s stiffness and make it

negative, it does have an effect on the system’ s rotordynamics.

Pressure

Damping
Component <
Displacement
Vector
Stiffness
Component

Figure 2 Pocket Pressure Vector Plot



Figure 2 represents a vector diagram of the pressure in a pocket of a diverging PDS
and the relative displacement between the rotor and the stator. In this case, the pressure
components that are responsible for the damping and stiffness forces are positive and
negative respectively.

The first objective of this thesis is to determine, both analytically and
experimentally, the effects of several design factors on the sign and magnitude of the
direct stiffness of pocket damper sedls. The three mgor parameters that a designer
usually has control over while designing a seal for a given application are the depth of
the pockets, the clearances (and clearance ratio), and the number of blades.

The effects of these parameters will be analyzed using a code developed at the
Turbomachinery Laboratory to determine seal rotordynamic characteristics. Due to
errors in predicting the mass flow-rate, a second objective is to modify the code to
correct the mass flow-rate calculation and to verify this modified calculation
experimentally.

The third objective of this thesis is to present the results of high pressure tests
carried out to find the direct stiffness coefficients of eight-bladed and twelve bladed
pocket damper seals.

In summary, this research ams at providing methods of predicting the direct
stiffness of the seals and testing the predictions experimentally. The objectives are:

* To modify the current code to correctly calculate the leakage as well as to
calculate the phase angle in each cavity.

» To study the effects of changing the number of blades, the clearances, and the
pocket depth on the direct stiffness

* To experimentally determine the direct stiffness coefficients of the seals through
high pressure testing (pressure drops of several hundred pounds per square inch
across the test seals)

* To analyze the empirical stiffness and leakage results and compare them with

theoretical predictions



NEED STATEMENT

In the past, engineers working with turbomachines have had a general aversion to
the idea of employing a sea with negative stiffness, mainly due to mistaken intuition.
Depending on the system into which it is to be installed, a seal with negative stiffness
could have either adesirable or a detrimental effect. If the system has a very low overall
stiffness, or if its operating speed is dlightly lower than the critical speed, installing a
PDS with negative stiffness could have serious undesirable effects. On the other hand,
an engineer would not readily select a seal with positive stiffness for use in a
turbomachine operating at a speed dightly higher than its critical speed.

Since the damping characteristics of a pocket damper sea are its most attractive
feature, the stiffness of the seal is at times only a secondary concern. While, the
damping values may be more important to a PDS user, the considerations mentioned
above demonstrate that examining the stiffness characteristics of the sea is aso

worthwhile.

OVERVIEW

This thesis reviews the theoretical models used to predict the leakage and stiffness
characteristics of pocket damper seals at high pressures. These predictions are compared
with experimentally obtained results. Discrepancies between model predictions and
measured data are explained where possible through re-examination of either the test
conditions or model assumptions. In addition to presenting high-pressure test data, this
thesis attempts to provide an insight into how seal parameters can be modified to obtain

desired changesin seal stiffness.



CHAPTERII

LITERATURE REVIEW

An analysis of annular seals was published by Alford [1] in 1965 in which he
presented a method of predicting the direct damping (C) coefficients of labyrinth seals.
This analysis was limited to two-bladed seals with choked flow. Alford postulated that
the time-varying pressure distribution around a seal would oppose vibratory velocity in
the case of adiverging clearance along the direction of fluid flow and drive the vibratory
velocity in the case of a converging clearance. In other words, a diverging clearance
would result in positive damping while a converging clearance would result in negative
damping. A fundamental flaw in Alford’s analysis was the assumption that the gas
pressure could vary around the continuous annular groove in a labyrinth seal without
circumferential flow of the gas.

Two other rotordynamic coefficients of interest in seals, the direct (K) and the cross-
coupled (k) stiffnesses were measured by Benckert and Wachter [2] for various labyrinth
geometries. They displaced the rotor and examined the resulting reaction forces both
inline with and tangential to the displacement. They concluded that while the direct
stiffness was negligible, the cross-coupled stiffness was not, and that it was caused by
the circumferential flow of the fluid around the annular seal. They also employed swirl-
brakes to reduce this flow and eliminate the destabilizing tangential force.

Murphy and Vance [3] further developed Alford's theory to account for unchoked
flow and for seals with multiple blades. Their analysis contained the same conceptual
error as Alford's. It misleadingly showed that a diverging-clearance ten-bladed |abyrinth
seal with a 10:1 pressure ratio would have about 500 |b-g/in (87.6 KN-/m) damping, far
more than has ever been obtained by a labyrinth seal. According to Childs and Vance
[4], the cross-coupled stiffness, which was not considered in Alford’s theory, becomes
the dominant factor in labyrinth seals, and decreases the effective damping. Were a

pressure differential to be created around the seal, a pressure wave travelling at the speed



of sound would equalize the pressures around the seal annulus. Also, the friction
between the fluid and the rotor creates circumferential fluid flow that in turn creates a
follower force that is normal to the rotor deflection. Thisis not the case, however, with
the PDS, which incorporates walls that prevent circumferential flow. Sundarargjan and
Vance [5] developed an analysis based on unconnected circumferential control volumes
for a bearing damper. This analysis aso produces relatively accurate predictions for
PDSs. It isbased on the pressure differentials across the seal due to changes in the fluid
density. In the case of a PDS, the effective damping is approximately equal to the direct
damping, at least at low pressures.

Armstrong and Perricone [6] showed that honeycomb seals could be used in place
of labyrinth seals to eliminate instabilities in steam turbines. Childs and Vance [4] state
that while the honeycomb seal has superior leakage characteristics, the pocket damper
seal provides higher damping. In addition, for small sea lengths, the two seals have
similar leakage characteristics, and the PDS becomes the clear choice.

Childs and Vance [4] present empirica data showing that decreasing the blade-
clearances in a PDS increases the damping and reduces the leakage. Reducing the
number of blades will increase the damping, but it will also increase the |eakage.

In 1974, Lund [7] published a paper in which he cited the desirability of being able
to install a damping mechanism (which he modeled with a bearing damper) at the center
of arotor. Vance and Shultz [8] developed the TAMSEAL®, which could perform this
exact role. The seal’s partition walls allow for radial pressure differentials around the
seal and at the same time greatly reduce any circumferentia flow. Shultz [9]
demonstrated through static tests that a two-bladed PDS has higher damping than a
comparable labyrinth seal. Dynamic tests were conducted by Li and Vance [10] to study
the effect of clearance ratio on seal performance. Vance and Li [11] published results
showing how a PDS could be used to virtualy eliminate a system’'s response to
imbalance. Richards et a. [12] cited the use of PDSs in industrial compressors to
suppress sub-synchronous vibration. The stiffness and damping coefficients of a short

PDS were determined experimentally by Ransom et al. [13]. Laos [14] compared two



configurations of a four-bladed PDSs (with four and eight pockets) with a six-bladed
labyrinth seal. The damping of the labyrinth seal was found to be lower than that of
either PDS and the labyrinth seal became violently unstable at pressures above 3 bar (44
Psl). The eight-pocket PDS was found to have higher damping than the four-pocket
PDS. Li et a. [15] presented results for rotating tests on a “dlotted” gas damper seal at
pressures up to 14.5 bar, or about 210 Psi. This seal features partition walls in al
cavities.



CHAPTER 1|

THEORY AND MATHEMATICAL MODELS

Two main mathematica models form the core of the theory on which both the
analytical and experimental portions of this thesis are based. These are the basic theory
of operation of pocket damper seals and the modeling of the forces generated within a
seal. The former leads to the expressions for the seal’ s rotordynamic coefficients while
the latter makes possible the evaluation of these coefficients through the analysis of

experimental data.

POCKET DAMPER SEALS

The expressions for the stiffness and damping of a two-bladed pocket damper seal
were derived by Shultz [9]. The first stage of the derivation assumes no journal
vibration. This static model is used to calculate the mass flow-rate across the blades of
the sead and the steady-state pressures in the pockets. The second stage of the
derivation; the perturbation analysis; uses the calculated flow-rate as an input and

obtains expressions for the seal’ s direct rotordynamic coefficients.

Static M odel

For the purpose of calculating the mass flow-rate through the seal, a static model is
assumed in which the journal does not vibrate. Shultz's [9] two-bladed seal model is
shown in Figure 3 (the nomenclature has been modified to match the subscript
convention used in this thesis).
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Figure 3 Two-Bladed Seal Model

For the static case x(z) = 0, the following steady-state condition for the flow-rates
across each seal blade applies:

mi=mz=ms=..=m, =m Q)

Where n is the number of blades in the sedl, 1;11 is the flow-rate through area 4;, and

1;1,1 is the flow-rate through area 4,,. Assuming that the fluid passing through the sedl is
a perfect gas and that the process is isentropic, the mass flow-rate for the unchoked flow

condition is given by the St. Venant Equation (Shultz [9]) as:

< RO 292 d(Rs)Y (BT @
ThRT -1 P
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For choked flow, the flow-rate becomes independent of the downstream pressure

and is given by the expression:

mi = BCP 04, /[T, ©)

Where = 0.5283 for air.

With assumed cavity pressures, the mass flow-rates (7;11, 1;12, z;an) can be
calculated, and the solution can be iterated until Equation (1) is satisfied.

Dynamic M odel

For a journa oscillating with a frequency of vibration « the journal motion is

assumed to be sinusoidal and given by:
x(t)= X 8in(wd)

In this case, there will be a variation with time in the pressures within the cavities.

Writing the conservation of mass equation:

Rate of flow of  _  Rate of flow of . Rate of change of
mass into cavity mass out of cavity mass in cavity

Which can be stated symbolically as:
. . a
mi = mi+1+a(p[+1 [Vﬁl) (4)

The latter part of the right side of this equation is an expression for the rate of



12

change of mass in the pocket due to time variations of the density and volume, which

can be expanded as follows:

O (pm)=r, s p 2"

ot Yor o
O o\oy 9P OB BV,
0o )=y, 20 ®

For anideal gas, P = cp’where c isaconstant. Taking the natural logarithm of this
expression and differentiating yields:

B LA n% .-~
oP

Y
P o°P Ply

il

For aperfect gas, P = pRT, therefore:

p__ 1
oP yIRIT

Hence, from Equation (5):

_p[E/ i i+ i
ot YR, ot RIT, ot

a(”):V P Pdﬁ

Substituting this expression in Equation (4):

mrmmpa =(—Ven )P o[ P )V ©
ymm—;ﬂ at RIT al‘

i+l
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In this form, the difference in the mass flow-rates across two consecutive bladesis a
function of two time-dependent parameters; the pressure P;,(#) in the i cavity and the
pocket volume V(z) (which isafunction of the journal displacement x(t)).

mi—me = (Poy(0),x(0)) (7)

Equation (7) can be expanded in the form of a Taylor Series up to first order
derivatives as follows:

ami am,' aml‘+1 am,-+1

=M = (P,,(t)+—— &(¢) - P, (1) + k(¢ 8
M= mis » (1) ™ ) op. (0 ® (8
Fa x Fa X
Substituting Equation (8) into Equation (6) yields:
dm; dm; 3 min i
(P,, (1) +——| () - (P,,(t) - k(¢
6Pi+1 i 1() ax () aPH_l i 1() ax ()
Fiu X B x
— Via [?Phl + Py EQ Via
yIRIT,, ) ot RIT,, ) ot
0 om; _am,-+1 P, + om; _am,-+1 O
of, OF, Ox Ox
9)
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The partial derivatives with respect to pressure of Equation (9) can be expanded as:

(2-y)
| a4y () 7 2myey (B
om _1_ R4 L -I (A k-1 (P
OP,, 2 .Jy[RIT (r+)
i+l y i 2|J/2 P[+1 %+ i 4
y-1[L P P

(2—17 ¥
WEP[EP 2T IR, Pj y

am _1. POy |- (A v-yP (P
o°r, 2 JyRT, i (r+1)
y-1[ R P

The journal orbit can be represented by the superposition of two displacements, x()
and y(t), dong orthogonal axes. In Shultz’'s [9] model, the orthogonal axes were drawn
so that they bisected each of the four pockets, as shown in Figure 3. Displacing the
journal a distance x along one axis results in a reduction in the clearance between the
journa and the seal blades over the arc length of the pocket towards which the journal
was displaced. Due to the curvatures of the blades and the journal, the reduction in
clearance will be greatest at the midpoint of the arc. Shultz [9], however, made the
assumption that the reduction in clearance is equal to the journal displacement x over the
entire arc length. Theinitial axial flow area and the change in flow area at the i cavity
are given by the following equations in which d is the journa diameter, d;; is the inner
diameter of the sea, N is the number of pockets, and 7z//N is the length of the arc

between the partition walls.



15

Aizn[ﬁdj.—dz) pg = ET
4[N N

Shultz’'s [9] predictions using this approximated model accurately matched his
experimental results. In the case of a seal with more than four pockets, the shorter arc
length of each pocket means that the above equation for 44, matches the actual change
in areamore accurately.

If cross-coupled force coefficients exist, they would be caused by pressure
differences between the pockets on the side (pockets B and D along the y axis of Figure
3). However, the x motion of the journal produces only a small change in the clearance
areas on the sides. Furthermore, these changes are equal and simultaneous (that is, in
phase), so the dynamic pressures are in phase.

The derivatives of the mass flow-rates with respect to the journal displacement can
therefore be expanded as follows:

. y+l
om; __mUWlR __|20)° (PY_( j/

o NOymRad \|v-1]P P

. y+l
Omi _ WP, = ZD/Z P., 7 _ ﬁ 4
o NOJyRT, | y-1

om; _ Tid B;’l,' omin — Tld |];/l[+l
ox N[N, ox  NLIH,

To obtain a more compact form of the equations for seal stiffness and damping, the

following variables will be used:
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P/ , | omi _ama
' YR, " |0P, 0P,
(10)
[ om _ame AT
: 0x 0x ' NIRRT,
These four variables simplify Equation (9) into the following form:
o 2D eh )+, B0+ 2D =0 (1)

Differentiating the assumed sinusoidal displacement of the rotor results in an

expression for the time-varying journal velocity.

dx(t)

x(t) = P

= wlX [tos(w(d)

The force developed in the seal is proportional to the time dependent displacement
and velocity of the journal and the seal can be modeled using the spring-mass-damper

system shown in Figure 4.
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M T x(t)

N

K C

Figure 4 Single Degree of Freedom Model

As aresult of the assumed motion of the journal, the seal force will be of a similar

form and can be represented by:

F(r) = K () + C&(¢) = F. Bos(w(@) + F, Bn(w) (12)

Since this force is developed due to the pressures in the cavities, it can be assumed

that the dynamic pressureis given by:
P,(t) = P. [tos(w(d) + P, [$in(w(d)
The pressure in a given cavity a any instant in time is the summation of this

dynamic pressure and the static pressure. The expressions for the cavity pressure and its

time derivative are given in Equation (13).
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P(@)= P +P,(r)os(wl) + P, (r) En(wli)

1

et
Static Pressure Dynamic Pressure
(13)

0 %—f = w(P,(t) [tos(w) —wlP, (¢) Bin(wld)

Substituting the sinusoidal pressure expression of Equation (13) and the journa
displacement and velocity expressions into Equation (11) and separating sine and cosine

terms yields two expressions in the two pressure coefficients P; and P.; unknowns.

aimlTsi+bi chi-l-eil]‘b'Dj(:O

-a; B‘)chi +bi D)si +di X =0

These equations can be solved for the pressure coefficientsto give:

- @ +a & °
P, = (b’ufl asww)ﬂ’
b +a [
(14)
a,.mil.—b,.@,.)mm,
b2 +a’ [W*

l

p ol

cl

Assuming that the pressure in cavity i acts on an area Ap;, the direct rotordynamic
coefficients of the seal can be obtained from Equations (12) and (14).

— _(bi Blli ta, B?i B‘)2)
K= b2 +a? P
(15)
C = (ai Bii _bi B3:‘)

i Pi

2 2
b’ +a, W
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These coefficients are highly dependent on the frequency of vibration of the journal.
They are, however, independent of the amplitude of that vibration, due to the first-order
expansion (linearization) of Equation (7). The results of this derivation are the mass
flow-rate through the seal and the direct stiffness and direct damping generated in each
seal cavity.

SEAL FORCES

The preceding section provided a method of calculating the direct rotordynamic
coefficients of a pocket damper seal given the seal geometry, the pressure conditions,
and the properties of the fluid. This section describes the equations relating the
rotordynamic coefficients to experimentally measured parameters in the test rig of
Chapter 1V.

If an external excitation force is applied to the seal, a portion of this force goes into
overcoming the sed’s inertia forces while the remaining portion is reacted by the
pressure forces generated in the seal. This was expressed mathematically by Childs and
Hale [16] for hydrostatic bearings.

xS o, = {f} .\ {fs} (16)
HERARN

Expanding the seal forces leads to the following form of the equations of motion:

fx - mS B:S - |:Kxx ny :| AX} + |:CXX ny :| A.;C + |:MXX Mxy :| ATX.,'
fy -mg g K, K,] &y ny ny Ay M, M, Ay
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Childs and Hale [16] transform Equation (16) into the frequency domain expression
given by Equation (17) using a Fast Fourier Transform.

Fx - mS D4x Hxx Hx Dx
’ =| - Y (a7
Fy—mS D4y ny Hyy Dy
Fi, A4;, and D; are the Fast Fourier Transforms of the time dependent measured
forces, accelerations, and relative displacements. The impedances in Equation (17) are
given by:

H, =K, +ilwlC,)- o’ M, (18)

ij
Equation (17) represents a system of two equations in four unknowns. In order to
obtain atotal of four equations required to solve for the impedances, two sets of data are

needed; one for an excitation in each orthogonal direction.

|:Fxx_mS D4xx Fyx _mS D4yx:|_|:Hxx ny:|EEDxx Dyx:| (19)
F,-mg4, F, -mg4 | |H, H ||D, D

w o Py

The added mass terms of Equation (18) are negligible for labyrinth seals (Childs
[17]) and the impedance expression can be simplified to the sum of the stiffness and
damping terms.

The force, acceleration, and displacement data obtained experimentally is used to
calculate the impedances from Equation (19). The rotordynamic coefficients are then
obtained by separating Equation (18) into real and imaginary parts and solving for K
and Cj.

The direct coefficients obtained using this method can be compared with those

resulting from the pocket damper seal analysis of the previous section.
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DAMPER SEAL CODE

The basic assumption on which the damper seal code’s leakage calculation is based
is that the steady-state mass flow-rate through each constriction created by the seal’s
blades and the journal is the same. Based on this, alogical starting point isto assume a
constant value for the mass flow-rate and to then employ a corrective iterative algorithm
to obtain the actual value of the flow-rate. The required input parameters to the code are
the inlet and exit pressures, the seal geometry, and the properties of the fluid. These
variables are related to each other and to the flow-rate by Equation (2).

The three main variables involved in the agorithm are the pressure in a given
cavity, the pressure directly upstream of that cavity, and the mass flow-rate through the
constriction at the inlet to that cavity.

Since the mass flow-rate is initially assumed, its value and the value of the inlet
pressure are known quantities. The only unkown is thus the pressure downstream of the
first constriction. This pressure can be calculated from Equation (2) and is used as the
upstream pressure to calculate the pressure downstream of the second constriction. In
this way, al the pressures can be calculated until a value of the pressure downstream of
the last constriction (the back pressure) is obtained. This method is analagous to
Holzer’ s method, which Vance [18] employs for torsional vibration calculations.

This final obtained pressure will match the prescribed exit pressure when the guess
for the mass flow-rate is correct. A calculated final pressure that is higher than the
specified exit pressure indicates that not enough fluid is leaking through the seal and that
the guess for the flow-rate needs to be raised. If the fina pressureislower than the exit
pressure, then the guess for the flow-rate is too high and needs to be lowered.

The code can be divided into sections responsible for input, initial estimation of the
flow-rate, calculation of the pressures, correction of the flow-rate, final checks on
obtained values, and output.



22

Calculation of Pressures

Input parameters such as fluid properties, seal geometry, and inlet and exit pressures
are read and modified as needed. The input values are converted to the appropriate unit
system. These data are used to calculate other needed parameters such as constriction
areas and pressure drops as well as constants for use in later equations.

The iterative algorithm used to sequentialy calculate each cavity pressure is based
on solving the St. Venant equation in the slightly modified form of Equation (20).

: -2 | P?IH? > l(p V7 (P "W
f(m,P ,P+1):mn_ n n EZD/ n+l _ n+l =0 (20)
S yIRIT, y-1 P P

n n

The terms of the equation are squared so as to avoid problems with negative
numbers under the square root during iteration. In thisform, the solution of the equation
is the point of intersection of the curve representing the function f'with the pressure axis.
Figure 5 is a sample plot of this function with inlet and exit pressures of 900 Psi (6.90
MPa) and 500 Psi (3.45 MPa) respectively (represented by the two vertical lines).

Pressure (MPa)
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Figure5 Sample Cavity Pressure Calculation Plot



23

If /<O, the pressure estimate for a given cavity istoo low and needs to be increased.
If /> 0, then the estimate is too high. A change in the sign of findicates that the correct
value of the pressure is between the current and the last values of the pressure. The
incremental change in pressure is then halved and the process continues until the
difference between the results of two consequtive iterations is less than an acceptably
small predetermined percentage of the newly obtained pressure.

Calculation of M ass Flow-Rate

Before the pressures can be calculated as described above, an initial estimate of the
flow-rate must be provided. An estimate that is too high will lead to the function f not
intersecting the pressure axis and no solution will be found.

The code first assumes a linear pressure distribution in the seal cavities and
calculates the flow-rate across each constriction. The minimum flow-rate value is used
as an initial estimate. Thisvalueis then checked to see whether or not the function f has
a negative value for pressures close to the exit pressure. If thisis not the case, then the
estimate is too high and is lowered by 25%. The two pressures used in the equation to
calculate f'are taken as Peyit and 110% of Peyit.

As mentioned above, if the final pressure is lower than the exit pressure, the flow-
rate must be reduced, and if the final pressure is higher than the exit pressure, the flow-
rateistoo low. Aswasthe case with the incremental change in pressure, the incremental
change in flow-rate with each iteration is halved every time the status of the flow-rate
changes from being too high to too low and vice versa. Severa constants are
incorporated into the algorithm to speed up convergence.

Two main checks are carried out as part of the solution. These checks alow the
code to run in two special cases: if the flow through any of the constrictions is choked or

if the inlet and exit pressure values are close to each other. The algorithm, in a sense,
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automatically takes care of the first check. When the flow through a given cavity is
choked, the code will not be able to find a cavity pressure that satisfies Equation (20). If
this is the case, the code exits the mass flow-rate correction loop and calculates the
pressures in the downstream cavities of the constriction through which the flow-rate has
been identified as being choked using the modified equation for choked flow.

When the inlet and exit pressure values are close to each other (for example 1000
Ps (6.90 MPa) and 998 Ps (6.88 MPa)), the stopping criteria for the iterative process
may be too large. If thisis the case, the cavity pressures returned by the code may be
lower than the exit pressure or higher than the inlet pressure. The ratio of the pressure
drop to the inlet pressure is checked and the stopping criteria is modified accordingly so
asto avoid this.

Finally, the code presents the output of the algorithm. This output isin the form of
the cavity pressures, the pressure ratios across each constriction, the mass flow-rate, and
an indication of which cavities, if any, are downstream of constrictions through which
flow is choked. This output is then used to calculate the stiffness and damping of the
seal based on the equations presented in this chapter.
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CHAPTER IV

TEST-RIG AND METHODOLOGY

The facility used to test the seals was initially built to test hydrostatic bearings at the
Turbomachinery Laboratory. It has since then been modified to test annular gas seals.
A high pressure pipeline from the nearby wind-tunnel provides air at pressures of up to
2500 Psi. A schematic of the test facility is shown in Figure 6 (from Picardo [19]). The
rig consists of a rotor connected by a coupling to a gearbox with the test seal's mounted

in a stator assembly around the rotor.
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Figure6 Annular Gas Seal Test-Rig Schematic
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The stator is connected to two Zonic® shakers. The rotor is mounted on hydrostatic
bearings with a separate water supply system. The rotor is stiff and well balanced and
the bearings on which it is mounted have high stiffness. Two air-buffer seals utilizing

shop air at 110 Psi (0.76 MPa) prevent leakage of the bearing water.

Figure7 Assembled Test-Rig

Air enters the assembly through the center of the stator and moves axially outwards
through two sets of identical seals. The pressure drop across the seals can be controlled
by varying the inlet pressure and by opening or closing the back-pressure valve, thus
modifying the seal’ s exit pressure. A photograph of the test rig (with the stator assembly
installed) is shown in Figure 7. A more detailed description of the test facility was given
by Childs and Hale [16]. This test rig is concurrently being used to test hole-pattern
seals and labyrinth seals.

The stator assembly, shown in Figure 8, consists of five components; a brass stator,
two steel pocket damper seals, and two aluminum labyrinth seals. The stator holds the
seals in place and provides a method of connection to the shakers and the pressure,

temperature, and vibration sensors.
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Figure8 Stator Assembly

The labyrinth seals at either end of the stator control the pressure drop across the
test seals by regulating the back-pressure. With the back-pressure valve fully open, there
should be almost no flow across the labyrinth seals, and the PDS exit pressure will be on
the order of 150 Psi (1.03 MPa). With the valve fully closed, the back-pressure is
maintained by the labyrinth sedls.

Two seals were tested, a twelve-bladed seal and an eight-bladed seal (Figure 9).
Both seals were first tested with a one-to-one clearance ratio and then had their exit
blades notched to provide a 1:2 clearance ratio for the twelve-bladed seal and a 1:1.5
clearance ratio for the eight-bladed seal. These notches serve to provide the desired
overall positive direct damping in the seal. The actual inside diameters of all the blades
are identical. The seals are placed back-to-back in the stator so as to minimize the
resulting axial thrust.

In the case of the twelve-bladed seal, the inlet blades for each cavity are beveled on
the upstream side, and the exit blades for each cavity are beveled on the downstream
side. This could be a mgjor factor in the higher leakage characteristics of the twelve-
bladed seal that are to be discussed |ater.



Figure 10 Unwrapped Views of Diverging 8-Bladed (upper) and 12-Bladed (lower) Seals
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Table 1 lists the major dimensions of the diverging configurations of the two seals.
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The actua seals are 0.05 inches (1.27 mm) longer than the lengths listed in this table.
Four O-rings are located at each interface between the stator and either damper seal as
well as between each damper seal and its corresponding exit labyrinth seal. The first
(upstream) blade of each sedl is dightly thicker than the remaining blades. This feature
(shown in Figure 10) extends for about half the radial thickness of the seal, thus creating
a recess between the stator and the seal, which serves as a safety mechanism in case of

an O-ring rupture.

Table1l Major Dimensions of Test Seals

8-Bladed Seal 12-Bladed Seal

(inches) (mm) (inches) (mm)

Length 3.375 85.73 3.375 85.73

Inner Diameter 4.51 114.55 451 114.55
Radial Inlet Clearance| 0.005 0.13 0.005 0.13
Radial Exit Clearance | 0.0075 0.19 0.010 0.25
Pocket Depth 1.0 25.40 1.4 35.56

Number of Pockets 8 8.00 8 8

Wall Thickness 0.4 10.16 0.3 7.62
Blade Thickness 0.125 3.18 0.125 3.18
Active Pitch 0.5 12.70 0.2083 5.29
Dead Pitch 0.125 3.18 0.125 3.18

There are severa differences between the designs of Figure 10 and the actual seals.
These differences prove to have significant effects on seal leakage and are discussed in
Chapter 1X. Four proximity probes are used to measure the displacement of the stator
with respect to the rotor in orthogona directions in two different planes (one through
each exit labyrinth seal) perpendicular to the axis of the rotor. Accelerometers are
installed in orthogonal directions in the central plane of the stator. Pressure probes pass
through the stator and into the seal to monitor pocket pressures, while pressure probesin

the central plane and just upstream of the labyrinth seal teeth monitor the inlet pressure
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and exit pressures respectively.

The experiments that were carried out took place on the test-rig described above.
The test seals were installed in the stator assembly and assembled onto the test-rig.
Rather than the more usual form of excitation of a stationary housing and a vibrating
rotor, the test rig has arigid rotor (Figure 11) mounted on bearings with high stiffness.
The shakers vibrate the housing and the proximity probes monitor the resultant relative

stator-to-rotor displacement.
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Figure 11 Test Rotor

The accelerometers are used to calculate the inertia forces required to accelerate the
stator. These forces are then removed from the relevant equations, thereby leaving only
the forces that are applied to the fluid in the seals. The seals were tested at three
different speeds (10,200 RPM, 15,200 RPM, and 20,200 RPM) and with severa
different pressure drops across the seals. The real and imaginary parts of the transfer
function that is obtained result, respectively, in the stiffness and damping parameters
(the damping is given by the value of the imaginary part of the impedance function
divided by the test frequency). These values are for the entire assembly, and so, any
effects not caused by the test seals must be removed. For this purpose, a baseline test is

conducted using smooth inserts or “blanks’ (Figure 12) in place of the seals.
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Figure 12 Badline Insert

The inserts are installed to maintain the required O-rings in place and to provide a
comparable mass to the actual seal tests. Since the pressure drop across the inserts will
be far lower than that across the test seals, the inlet pressure during the baseline test is
also lower than that for the seal test. This provides the same pressure drop across the
labyrinth seals in both cases. It is assumed that the difference in pressure in the inlet
plenum of the stator in both tests has no significant effect. Another factor that should be
considered is the possible creation of circumferential flow within the inserts, which lack
the pocket walls needed to eliminate the destabilizing cross-coupling.

The procedure followed during testing and the method employed for data
acquisition are identical to those used by Marquette, Childs, and San Andrés [20]. The
calculation of the leakage through the seals is described by Picardo [19] and is the topic
of Chapter V.
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CHAPTERYV

LEAKAGE AND PRESSURE RESULTS

While the rotordynamic characteristics of pocket damper seals can affect the
performance of a turbomachine, and are therefore worthy of study, reducing leakage
remains the essential purpose of the seals.

The direct stiffness and damping of a pocket damper seal depend on the mass flow-
rate through the seal (Chapter I11). It isthus essential to ensure that the mass flow model
offers an accurate prediction of the leakage through the seal before attempting to use the
damper seal code to predict seal coefficients.

DISCHARGE COEFFICIENTS

The St. Venant equation that was used to calculate the flow across the seal blades
(Equation 2, Chapter 111) was derived for flow through an orifice of round cross-section.
It is to be expected that the flow-rate predicted by this equation would not match the
flow through the annular section formed by the blades and the journal.

Shultz [9] used discharge coefficients to compensate for the discrepancy between
the actual configuration and configuration for which the St. Venant equation was
intended.

: 2 % "
m; = Cd D ])z D4i |:| ZD/ ])i+1 _ Pi+1 (21)
JyR, y-1L R P

In the modified expression for the flow-rate, Equation (21), the numerical value of
the discharge coefficient Cd differs based on whether the equation is being written for
the inlet blade or the exit blade of an active cavity. Shultz [9] determined that the
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discharge coefficients that best matched his experimental datawere 1.1 for an inlet blade
and 0.95 for an exit blade. However, for the tests reported in this thesis, these
coefficients significantly over predicted the leakage through the eight-bladed seal, under-
predicted the leakage through the twelve-bladed seal, and over-predicted the static cavity
pressures for both seals.

Tria runs of the damper seal code reveded that the static cavity pressures are
affected by the ratio of the discharge coefficients and not by their absolute magnitude.
Figure 13 represents static pressures in the second and third active cavities of the
diverging eight-bladed pocket damper seal with inlet and exit pressures of 1007 Psi and
539 Psi (6.92 MPaand 3.72 MPa) respectively.
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Figure 13 Effect of Discharge Coefficient Ratio on Cavity Pressures

This figure shows that the predicted static pressures match experimental results
more closely asthe ratio of inlet to exit discharge coefficient decreases.

The predicted leakage through a seal depends on the absolute magnitude of the
discharge coefficients, and while using a discharge coefficient ratio close to zero may



closely match pressure readings, the mass flow-rate would be severely under-predicted.
There are two possible combinations of discharge coefficients that will result in the same
mass flow-rate prediction. The data presented in this chapter are used to obtain new
discharge coefficients that more accurately match leakage measurements and that have a

ratio that results in acceptably accurate static cavity pressure predictions.

SHAFT GROWTH

Initial analysis of the leakage data showed that there is a significant reduction in
leakage as the speed of the rotor increases. At high rotational speeds, the centrifugal
forces generated in the material of the rotor increase and cause the rotor to expand. The
increase in rotor radius is given by the following equation in which Jis the weight per

unit volume of the rotor material (Young [21]).

HE Y 22)

Since the clearances between rotor and stator in turbomachines are often a few
thousands of an inch wide, any radial expansion in the rotor could be significant.

Figure 14 shows the increase in diameter of the 4.5-inch (114.3-mm) test rotor as
the rotational speed is increased. This means that at the highest test speed, the inlet
blade radial clearances of the test seals are reduced by about 5%. The importance of
taking shaft growth into consideration is made more evident by the results presented in

the following sections.
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L eakage measurements were taken on the diverging twelve-bladed seal, the straight-
through eight-bladed seal, and the diverging eight-bladed seal. The former two sed

configurations were tested with three different pressure drops while the latter

configuration, due to its high negative stiffness, was only tested with two pressure drops.

Table2 Average Pressure Conditions for Leakage Tests

l:)in IDexit AP

Seal TestAP =5 T Py | s | (MPa) | (Psi) | (MPa)

Low 992 | 684 | 713 | 492 | 279 | 192

Diverging 12-Bladed Intermediate| 1009 6.96 458 3.16 551 3.8
High 1017 | 701 | 226 | 156 | 791 | 5.46

. Low 723 | 409 | 441 | 304 | 282 | Loa
Diverging 8-Bladed High 941 | 6.49 | 572 | 394 | 369 | 254
Low 1027 | 708 | 525 | 362 | 502 | 3.46

Straight Through 8-Bladed | Intermediate| 1024 | 7.06 | 336 | 232 | 688 | 4.74
High 1024 | 7.06 | 129 | 089 | 895 | 6.17
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For each pressure drop, the seals were tested with rotor speeds of 10,200 RPM,
15,200 RPM, and 20,200 RPM (the diverging eight-bladed seal was also tested at zero
rotor speed). For a given sedl, the inlet pressure and pressure drop are slightly different
for each of these speeds, with a maximum deviation of about 30 Psi (0.67 MPa).
Therefore, the results would more accurately be presented in the form of separate plots
for each speed and each pressure drop. Thisis the way in which the leakage data for the
straight-through eight-bladed seal is presented. A complete summary of the exact
leakage test conditions and the mass flow-rate results for all three seal configurations is
given in tabular form in the Appendix. The average test pressures are summarized in
Table 2. For the diverging eight and twelve-bladed seals, these average pressures are
used and the results are presented on asingle plot for each seal.

A comparison of code predictions to experimental data (Figure 15) shows that using
the origina discharge coefficients that Shultz [9] used for lower pressure seals would

lead to significant prediction errors.

o 8 Blades 1:1.5
-20 8 Blades 1:1

Prediction Error (%)
o

-30 +-| @12 Blades 1:2

0 10,200 15,200 20,200
Shaft Speed (rpm)

Figure 15 Average Leakage Error (Discharge Coefficients 1.1 Inlet and 0.95 EXxit)

The prediction error in Figure 15 is the average of the errors for the different



37

pressure differences across the seal for each rotor speed. This data takes into
consideration shaft growth with speed. Since the original coefficients over-predict the
leakage through the eight-bladed seal and under-predict the leakage through the twelve-
bladed sedl, it is clear that the discharge coefficients that best match the |eakage data will
be different for each seal. It should be noted that there are significant differences
between the blade geometries of the twelve-bladed and eight-bladed seals.

Straight-Through Eight-Bladed Seal
The leakage and static pressure data for the straight-through eight-bladed seal are
best matched with an inlet discharge coefficient of 0.75 and an exit coefficient of 0.85.

Figure 16, Figure 17, and Figure 18 compare the measured leakage for this seal with
predicted values using the damper seal code with these coefficients.
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Figure 16 10,200 RPM Leakage (8-Blades, CR = 1:1, Cd;, = 0.75 and Cd,;; = 0.85)
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Figure 17 15,200 RPM Leakage (8-Blades, CR = 1:1, Cdi, = 0.75 and Cdey; = 0.85)
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Figure 18 20,200 RPM Leakage (8-Blades, CR = 1:1, Cd;, = 0.75 and Cd,;; = 0.85)

Even though rotor growth was taken into consideration in this comparison, the
damper seal code over-predicts the leakage by a larger amount as the rotor speed
increases. The dight drop in flow-rate in the predicted curve of Figure 17 is due to the
inlet pressure for the third data point being lower than that for the second data point.
The code predicts that for the same inlet pressure, the flow-rate will increase with
increasing pressure drop. This does not, however, explain why the third measured data
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points on the plots for both 15,200 rpm and 20,200 rpm show a lower flow-rate than the
previous points. For these two pressure drops, the damper seal code predicts choked
flow through the last blade of the seal. Theoretically, the flow-rate would increase with
increasing pressure drop and would asymptotically approach a maximum value
corresponding to the choked flow condition. This does not, however, match the
experimental data, which shows a drop in flow-rate after the flow theoretically becomes
choked.

Diverging Eight-Bladed Seal

The inlet and exit blade discharge coefficients that best match the leakage data for
the 1:1.5 clearance ratio eight-bladed seal are 0.75 and 1.25 respectively. Since the only
difference between this seal and the straight-through eight-bladed sedl is the inclusion of
notches in the exit blades, the same inlet blade coefficient is used for both seals. The
exit blade coefficient was increased to match the data. It is important to note that the
increased flow area due to the notches is aready accounted for in the damper seal code
in the form of the exit clearance. The exit blade discharge coefficient merely, as
mentioned above, accounts for the difference between the actual flow area and the flow
areafor which the code equations were intended.

The mass flow-rates through the diverging eight-bladed seal are shown in Figure 19

for two average pressure drops and three rotor speeds.



40

0.7 0.32

0.65 - 03

- 0.28
7 06 0
] - 0.26 2
o 0.55 Py
2 - 0.24 %
4 T
+ 05 =
3 - 0.22 8
L 0.45 - L
% ' —o—High P.D. Measured 02 @
= 041 ---0---High P.D. Predicted L 0.18 g

0.35 —o— Low P.D. Measured 016

---oO---Low P.D. Predicted
0-3 T T T T 0.14
0 5,000 10,000 15,000 20,000 25,000

Shaft Speed (rpm)

Figure 19 Measured vs. Predicted Leakage - 8-Blades (CR = 1:1.5, Cd;,, = 0.75 and Cde;; = 1.25)

As can be expected, the measured leakage through the seal decreases with
increasing rotor speed for both pressure drops. The high AP predicted curve shows a
dlight increase in leakage at 15,200 rpm over 10,200 rpm. Likewise, the low AP curve
shows a dlight increase in leakage at 20,200 rpm over 15,200 rpm. The increases can be
explained by the fact that the inlet pressures for both these cases were slightly higher
than the inlet pressures for the previous points (Figure 20).
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Figure 20 Leakage Test Inlet Pressures (8-Blades, CR = 1:1.5)

These minor inconsistencies in the inlet pressure are apparently large enough to

dlightly offset the downward trend in leakage with increasing rotor speed.

Diverging Twelve-Bladed Seal

The discharge coefficients that best match experimental results for the diverging
twelve-bladed seal are 2.3 for the inlet blades and 2.75 for the exit blades. These values
(which are considerably higher than those obtained for the eight-bladed seals) and the
corresponding higher leakage rates can, at least in part, be attributed to the blade
geometry of the twelve-bladed seal as was mentioned earlier. Leakage datais presented
for only one configuration of the twelve-bladed seal, but two different sets of data were
taken for the seal during two separate rig assemblies. The results of both sets of tests are
almost identical.

The predicted and measured results for this seal with three different rotor speeds and

three pressure drops are presented in Figure 21.
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Figure 21 Measured vs. Predicted Leakage - 12-Blades (CR = 1.2, Cd;,, = 2.3 and Cd;; = 2.75)

Once again, the expected drop in leakage with increasing rotor speed can be seen.
The damper seal code predicts that for the high AP case, the flow through the last two
constrictions of this seal is choked. The marked increase in the over-prediction of the

sedl’ s leakage for the high AP condition could be due to choked flow in that case.

Prediction Errors

As was mentioned above, the amount by which the damper seal code over-predicts
the leakage through a seal increases as the rotor speed increases, even when rotor growth
is taken into account. The average percentage over-predictions of flow-rate with and
without shaft growth included are shown for the 1:1 CR eight-bladed seal (Figure 22),
the 1:1.5 CR eight-bladed seal (Figure 23), and the 1:2 CR twelve-bladed sea (Figure
24). These figures show that while rotor growth accounts for a portion of the over-

prediction of flow-rate, there is some other phenomenon, perhaps related to increased
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circumferential velocity in the flow, which becomes more pronounced at higher speeds.
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Figure 22 Leakage Over-Prediction (8-Blades, CR = 1:1, Cd;, = 0.75 and Cde,;; = 0.85)
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The error in predicting the leakage through the two configurations of the eight-
bladed seal followed a genera trend: the over-prediction became more pronounced as
either the rotor speed or the pressure drop across the seal increased. The over-prediction
of leakage through the diverging twelve-bladed seal also increases with increasing rotor
speed, but decreases as the pressure drop across the seal rises. Since the discharge
coefficients where altered so that the predicted leakage matched the measured |eakage
more closely, it could be argued that coefficients could be chosen so that the high
pressure drop data is matched closely and the flow-rates for lower pressure drops are
under-predicted.

STATIC PRESSURE RESULTS

The discharge coefficients for all three test configurations were chosen so that the
inlet to exit coefficient ratio is less than one. This improves the prediction of the static
pocket pressures for the eight-bladed seal configurations. Figure 25 shows the static
pressures in the second and third active cavities of the straight-through eight-bladed seal
and Figure 26 shows the same data for the diverging eight-bladed seal.
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The dtatic pressure data was taken in conjunction with dynamic pressure
measurements (Ertas [22]) taken every 10 Hz from 10 Hz to 200 Hz. The frequency of
vibration was not expected to impact the static cavity pressures (an assumption that is
supported by the results) and the twenty test frequencies can be thought of as twenty
independent test cases.

During the static pressure tests, the inlet pressure was kept as close to 1000 Psi (6.9
MPa) as possible and was raised whenever it dropped below this value. The inlet
pressure was raised immediately before the 40 Hz, 60 Hz, and 120 Hz readings for the
straight-through seal and immediately before the 30 Hz, 80 Hz, and 180 Hz readings for
the diverging seal. The dlight deviations in cavity pressures from a constant value are
due to these changes in the inlet pressure and not due to any dependency on frequency.

In the case of the straight-through seal, the code over-predicts the second active
cavity pressure by an average of 49.9 Psi (0.344 MPa) or 6.3 % and over-predicts the
third active cavity pressure by an average of 36.7 Psi (0.253 MPa) or 5.3 %. Since the
discharge coefficient ratio (Cd,, - Cd..;;) is smaller for the diverging sedl, it was expected
that the static pressure data for this seal would be better matched than that for the
straight-through seal. This is indeed the case and the average over-predictions of the
second and third active cavity pressures in the diverging seal are only 23.3 Psi (0.161
MPa) or 2.9 % and 23.1 Psi (0.159 MPa) or 3.3 % respectively. Table 3 summarizes the
discharge coefficients found to best match the experimental leakage and static pressure

results for the three seal configurations.

Table 3 Discharge Coefficient Summary

Seal Inlet Cd Exit Cd
Straight-Through 8-Bladed 0.75 0.85
Diverging 8-Bladed 0.75 1.25
Diverging 12-Bladed 2.30 2.75




47

CHAPTER VI

ANALYSISAND NUMERICAL PREDICTIONS

The phase angle between the pressure vector in agiven seal cavity and the vibratory
displacement vector can be regarded as a measure of the relative magnitudes and the
signs of the stiffness and damping generated in that cavity. Since the seal forcesin a
pocket damper seal are assumed to be generated solely by the dynamic pressure buildup
in the pockets, the force vector resulting from the pressure can be resolved into two
components which are in-line with and perpendicular to the direction of vibratory
displacement. The sedl’s stiffness can be derived from the in-line force component
while its damping can be derived from the perpendicular component (vector plot shown
in Figure 2 of Chapter I). The phase angleis given by the Equation (23).

p=tan" (C;{_ij (23)

XX

In designing a pocket damper seal, one of the main objectives is to maximize the
damping, which means that it is desirable to get the phase angle as close to 90° as
possible. Generally, a pocket damper seal cavity with a diverging clearance produces
negative stiffness and positive damping, meaning that the phase angle is greater than 90°.

In attempting to use the phase angle to gauge the effect of various parameters on
sedl stiffness, it would seem that for a seal with @ > 90°, a change that would make K,
more negative would be seen as an increase in the phase angle (closer to 180°).

Figure 27 is a plot of the predicted variation of K., with the number of bladesin a
pocket damper seal. Each of the two curves on the plot represents a different clearance
ratio. The seal parameters used to generate this plot are identical to those of the eight-
bladed test seal, and the only parameter that was varied was the number of blades.
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There is a clear change in the trend-line as the number of blades increases. Figure
28 is aplot of the variation of the phase angle (average of first and last cavity values)

with number of blades for the diverging eight-bladed seal for two pressure drops.
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Figure 28 Effect of Number of Blades on Phase Angle

If the phase angle were to be used as the sole measure of the direct stiffness of the
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seal, Figure 28 would imply that a pocket damper seal’ s stiffness becomes more negative
as the number of blades increases. This conclusion is contradicted by Figure 27, which
shows that K,, reaches a minimum (maximum negative) value and then begins to
increase in the case of the diverging seal.

The reason for the contradiction is that the phase angle is only a measure of the
relative magnitudes of the stiffness and the damping and because most, if not al, of the
seal parameters that have an effect on the seal’s stiffness will aso have an effect on the
damping. Inthe case of this example seal’ s parameters, increasing the number of blades
reduced the damping at a faster rate than it increased the stiffness, which resulted in a
phase angle that steadily increased.

Within a given seal, the phase angle of the pressure generated in each cavity is
different. This is due to the differing pressure ratios and pressure drops across the
cavities. This can be seen in Table 4, which shows the variation of the phase angle in
each active cavity of the diverging eight-bladed and twelve-bladed test seals with an
inlet pressure of 1000 Psi (6.90 MPa).

Table4 Variation of Phase Angle Along Length of Seal

Seal | Active Cavity 500 Psi (3.45 MPa) PD 800 Psi (5.52 MPa) PD

Degrees Degrees

1 174.50 173.74

@ 2 173.82 173.38
g 3 173.50 172.85
[ 4 173.03 171.96
S 5 172.28 170.12
6 170.85 124.61

" 1 154.42 153.47
§ 2 153.11 151.37
o 3 150.67 146.80
o 4 144.96 113.85
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The pressure drop across each cavity increases progressively aong the length of the
seal and this is responsible for the decreasing phase angles along the length of the seal.
The increased pressure drop leads to an increase in both the negative stiffness of the sea
and in the positive damping. For both test seals, the rate of increase of the latter was
more dominant, leading to a phase that approached 90°. The phase angle provides
especialy useful feedback when examining the data for the diverging twelve-bladed test
seal. The phase angles in the first five active cavities for the higher pressure drop case
are close to 180° whereas the final phase angle is just over 124°. This is an indication
that most of the damping and stiffness in the seal are being generated in the fina cavity.
In fact, about 46% of the seal’s stiffness and 90% of the seal’ s damping comes from this
final active cavity.

The phase angle can also be used as an indicator when examining changes in a
seal’ s direct stiffness. In addition to indicating the relative magnitudes of C,, and K., @
can indicate the sign of K,,. For adiverging sedl, in which C,, is known to be positive, a
drop in the value of the phase angle below 90° indicates that K, has become positive.
To examine changes in K., alone, it is necessary to directly examine the mathematical

expression for the stiffness.

STIFFNESSVARIABLES

In order to assist in the attempt to determine the effects of certain parameters on the
direct stiffness of a damper seal, the expression for the stiffness as it is used in the
damper seal code can be examined. Looking at the components of the expression and at
how each of them independently affects the stiffness may provide certain guidelines for
the numerical analysis when using the code to determine the sensitivity of the sed’s
stiffness to such parameters as the number of blades, the clearances and clearance ratio,
and the pocket depth.

The formula presented by Shultz [9] for the direct stiffness of atwo-bladed seal is as

follows:
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2
K =4 fbliraeiet)

24
b7+ [ (24)

Defining Equations

Each of the four factors a, b, d, and e are terms that arise as part of the derivation of
the expression for the direct stiffness. The variable a can be thought of as a pocket
volume factor for a given cavity and is given by Equation (25). The variable b (Equation
(26)) depends on the mass flow-rate into the cavity, the pressure in the cavity, and the
pressure ratio and can be thought of as a pressure ratio factor. The variable d, the
clearance factor (Equation (27)), is dependent on both the mass flow-rate and the inlet
and exit clearances. The pressure factor (Equation (28)) depends mainly on the cavity

pressure and the normal area on which it acts.

-2 (25)
VIRIT
2y 2oy
Com e —(y-)m 2dy-)m r +(-y)m
T2y N 2y by 0
Z%_Z 14 Z 14 _Z 14
d=mf— -1 27)
Clm Clexit
e= Pmnormal (28)
RIT

These four factors determine the sign and magnitude of the direct stiffness generated
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in any given cavity and thus determine the sign and magnitude of the direct stiffness of
an overal seal. It is clear from the expression for K, that the denominator of this
expression is always positive and that the sign of K, is determined by the sign of the
term bd + aeas. In order to examine the sign of this term, each of the four factors may

be considered separately.
FREQUENCY DEPENDENCY

While K, is frequency dependent, the four factors defined by Equations (25) to (28)
are not. Examination of Equation (24) shows that for a given sea, as the frequency
increases the right hand terms of both the numerator and denominator become dominant.
In other words, at sufficiently high vibration frequencies, the direct stiffness can be
approximated by Equation (29):

K,=4,0& (29)
a

This frequency-independent expression for the stiffness matches the predicted
variation of stiffness with frequency in which the slope of the stiffness curve tapers off at
high frequencies. Figure 29 shows this prediction for the diverging eight-bladed and
twelve-bladed test seals.
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Figure29 Frequency Dependency of Direct Stiffness

The direct stiffnessis zero at approximately 320 Hz and begins to slowly approach a
constant value shortly beyond this point. The inlet and exit pressures used to generate
Figure 29 were 1000 Psi (6.90 MPa) and 500 Psi (3.45 MPa) respectiviey.

The diverging tewlve-bladed seal behaves in the same way, but the stiffness has
only begun to increase by the 360 Hz mark. The sedl’s stiffness eventually reaches zero
at about 1500 Hz and only tapers off to a constant value at 5000 Hz. Thus Equation (29)
can be expected to hold true for all pocket damper seals provided that the frequency of
vibration is sufficiently high. For some seals, this frequency will be far beyond any
reasonable operating frequency, but for all diverging seals, there is a frequency beyond
which the direct stiffness will be positive. For increased pressure drops across the sedl,
the frequency at which the stiffness becomes positive is lowered. Equation (24) leads to
an expression for the frequency at which the direct stiffnessis zero.

_|-bll
“ = alé <0

On the other hand, the frequency at which the magnitude of the direct stiffness is

maximum (most negative in the case of a diverging seal) is w,.. = 0, which is the only

value that satisfies the local maximum equation (Equation (31)).
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It is worth mentioning that the direct damping of a PDS behaves in a somewhat
similar fashion. For adiverging seal, the maximum value of positive damping occurs at
w = 0. Furthermore, again for a diverging seal, the constant value that the damping

asymptotically approaches at high frequenciesis aways zero.

SIGNS OF STIFFNESSVARIABLES

From Equation (25) and Equation (28) respectively, it can be seen that the factors a
and e will be positive. By definition, the pressure ratio Z used in the Equation (26) is
between the values of 0 and 1. If Z isless than a certain value (0.528 for air) the flow is
choked. The multiplier outside the brackets in the expression for 4 is always positive.
Numerical examination of the two terms within the brackets shows that for gases with y
> [, the numerator and denominator of the second term are always positive. The first
term also has a denominator that is always positive, but has a numerator that is negative
for al cases of unchoked flow. In the case of choked flow, the first termis equal to zero.
Asaresult, for all values of interest, the factor 5 will be negative.

Equation (27) shows that the factor 4 will have a positive value in the case of a
diverging clearance and a negative value in the case of a converging clearance. Since a
diverging clearance is required to generate positive damping in a cavity, it can be
assumed that this factor will be positive for most values of interest. This means that for

the direct stiffnessto be positive, the following condition must apply:

a [ [3?

B < (32)
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Equation (32) can serve as a guideline in determining a combination of design
parameters that will lead to a PDS with positive direct stiffness. The following five
points can be deduced from this inequality:

* The frequency term indicates that seal stiffness is more likely to be positive at
higher frequencies.

* The mass flow-rate terms in both the factors » and d indicate that K., is more
likely to be negative for higher |eakage rates.

» Thesmaller theratio of exit to inlet clearance, the more likely it is that K., will be
positive.

* The deeper the depth of the pockets (and therefore the pocket volume), the more
likely it isthat K, will be positive.

» Thelonger the active cavities (and therefore the pocket volume), the more likely it
isthat K. will be positive.

Since severa of the design parameters affect more than one factor at a time, it is
difficult to say what effect each will have. For instance, the last two points are
somewhat contradictory. Making the active cavities longer in an attempt to make K,
positive can be achieved by decreasing the number of blades in the seal. However, as
will be discussed later, the lower number of blades will result in the need for shallower
pockets to maximize direct damping, which will in turn make K., more negative. The
next section examines the effects of design parameters on the sign and magnitude of the

direct stiffness in more detail.

EFFECTS OF SEAL DESIGN PARAMETERS

Using Equation (24) along with the definitions of each of the four factors provides a
method for examining the effect of certain parameters on the sign of the direct stiffness.
Given adamper seal with specified geometric constraints, pressure data, and leakage and
rotordynamic performance requirements, three of the parameters of interest in attempting
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to control the negative stiffness of the seal are the number of blades, the depth of the
pockets, and the blade clearances. These three factors are not unrelated; in order to
maximize the damping generated by a seal, the pocket depth and the clearances have to
be optimized, and both these factors are affected by the number of blades.

Effect of Pocket Depth

The only one of the four factors that is affected by a change in the pocket depth is
the factor a. If no changes are made to the seal apart from a change in the depth of the
pocket, the other three factors will remain constant. An increase in the depth of the
pocket would increase the pocket volume and result in a proportiona increase in the
value of the factor a. For the range of values of interest, an increase in the value of a
will make the value of direct stiffness less negative. This can be seen in Figure 30,
which is a plot of the direct stiffness of the example eight-bladed seal with varying
pocket depth for different clearance ratios.
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Figure 30 Effect of Pocket Depth on K,
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The inlet and exit pressures used to generate this plot were 1000 Psi (6.90 MPa) and
500 Ps (3.45 MPa) respectively. The pocket depth has a clear effect on the direct
stiffness with an increase in pocket depth making the stiffness less negative.

Effect of Number of Blades

As mentioned above, changing the number of blades in a seal design should
correspond with a change in the clearance ratio and the pocket depth so as to optimize, if
possible, the seal’s damping characteristics. If, however, the number of blades is
changed without any other modifications to the seal, the sed’s stiffness will still be
affected. In this case, al four factors will change for different reasons (the following
analysis is based on the signs of the four factors in the case of a diverging sea). The
factor a will change because changing the number of blades for a prescribed seal length
will change the pocket volume. The factor » will change because both the mass flow-
rate and the pressure ratios will be affected. The factor d also depends on the mass flow-
rate and will change accordingly. The fina factor e is affected by changes in both the
cavity pressure and in the normal area on which this pressure acts, both of which will
change with a change in the number of blades. How each of the four factors will be
affected can be examined separately.

Increasing the number of blades will reduce the pocket volume and therefore reduce
the value of the factor a. Thiswill in turn cause K., to become more negative.

The mass flow-rate will be reduced if the number of blades increases, but at the
same time, the pressure ratios across the blades will increase. The former has the effect
of making b less negative while the latter has the effect of making » more negative.
From a numerical analysis it appears that the pressure ratio effect is considerably more
dominant and that as a result, increasing the number of blades will make » more
negative. From the numerator of the expression for K., an increase in the magnitude of

b implies an increase in the negative magnitude of the stiffness. However, the 4’ termin
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the denominator will cause a decrease in the negative magnitude of the stiffness. This
means that as b increases in magnitude, there will be a point at which it will cease
causing K, to become more negative and begin causing it to become less negative.

Since it is aso dependent on the mass flow-rate, the factor d will decrease as the
number of blades increases. From the expression for K,.,, it can be seen that this will
result in the stiffness becoming less negative.

The fourth factor, e, is also dependent on two counter-balancing parameters with
regard to increasing the number of blades. The cavity pressures will increase with more
blades, but the normal area upon which these pressures act will decrease. Once more,
from a numerical analysis it appears that the area dependency is more dominant,
meaning that increasing the number of blades will reduce the value of e and make K.,
more negeative.

There are therefore two factors that make K, more negative as the number of blades
increases, one factor that changes its effect as its magnitude increases, and one factor
that makes K, less negative. In addition, two of the factors contain components that
work against each other. Keeping this in mind, Figure 27, which shows the variation of
direct stiffness with number of blades while maintaining clearances and pocket depth
constant, agrees with the idea that K. depends on factors that counter-balance each other

and change in relative magnitude as the number of blades increases.

Effect of Number of Blades (Pocket Depth Optimized)

Each of the factors b, d, and e will not be affected by optimizing the depth of the
pocket for maximum damping as the number of blades is changed and they should
behave exactly as if there were no changes being made to the pocket depth. The factor
a, however, will change. As the number of blades is increased, the pocket volume
decreases, but at the same time, the optimum depth increases as show in Figure 31. In
the case of the seal described above, the increased pocket depth causes the factor a to

increase with increasing number of blades.
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Figure 32 shows the effect the number of blades has on the seal’ s stiffness when the
pocket depth is optimized for maximum damping (the inlet and exit pressures used were
1000 Psi (6.90 MPa) and 500 Psi (3.45 MPa) respectively). The first points on each of
the four curves on this plot have large stiffness magnitudes because of the small
optimum pocket depth for low number of blades. Comparing Figure 32 with Figure 27,
reveals that for 6, 8, 10, and 12 blades, the seals with the optimized pocket depths have
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direct stiffnesses that are |ess negative than the seals with non-optimized depths.

Increasing the number of blades alters all four factors, and there is an additional
change to the factor a when the pockets are made deeper as the number of blades
increases. It should, therefore, be possible to increase the number of blades until the
overall stiffness of the seal becomes positive, provided that the pocket depth
corresponding to the increased number of bladesis physically realistic.

Effect of Number of Blades (Limited Pocket Depth)

The damper seal code's prediction of the pocket depth that will yield the maximum
amount of positive damping does not take into account the physical limitations on this
parameter. Figure 31 shows that the value of the optimum pocket depth can be larger
than the outer diameter of the seal permits. It is therefore necessary to set an upper limit
to the values of pocket depth returned by the damper seal code. Figure 33 shows the
predicted results using the major dimensions of the test seals and limiting the pocket
depth to a maximum of 0.5 inches (12.7 mm).
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For both clearance ratios, the optimum pocket depth predicted by the damper seal
code is higher than the limiting value for all numbers of blades higher than 2. The result
isacombination of the behaviors discussed in the previous two cases. Beforethelimitis
reached, the effect on the seal’s direct stiffness will be identical to the case in which
pocket depth is optimized. Beyond the limit, the effect on stiffness will be as if the
pocket depth was held constant as the number of blades increases. This limits the
designer’s ability to increase the number of blades and make the pockets progressively
deeper so as to reduce the negative stiffness. For the case of twelve blades with a 1:1.5
clearance ratio, using the optimum pocket depth of 3.53 inches (89.66 mm) provides a
value of negative stiffness that is just over 50% of the value obtained when limiting the
pocket depth to 0.5 inches (12.7 mm).

Effect of Clearances (Constant Clearance Ratio)

Due to their dependence on the mass flow-rate, the cavity pressures, and the seal
clearances, the factors b and e can be expected to be sensitive to changes in the sedl’s
clearances with the rotor. The factor d, as can be seen from its definition, is dependent
on the clearances while the factor a is not. If the clearances are changed so as to
maintain a diverging clearance and a constant clearance ratio, it is observed that the only
factor that changesisb.

Anincrease in the inlet and exit clearances (for example from 5 mils (127 tm) and
10 mils (254 gm) to 7 mils (178 pm) and 14 mils (356 m)) leads to a linearly
proportional increase in the mass flow-rate. With regard to the factor d, the two
increases cancel each other out.

The factor e is likewise unaffected since it is dependent on the cavity pressures,
which are in turn affected by changes in the clearance ratio and not by the absolute
values of the clearances.

As the clearances are increased, the value of » becomes more negative. This is

because although the cavity pressures and pressure ratios remain unchanged, the mass
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flow-rate increases with increasing clearances, thus making the magnitude of » more
negative. Examining the numerator of the expression for K., shows that such a change
should cause the seal’ s stiffness to become more negative as well. However, the 5 term
in the denominator of the expression, reduces the magnitude of the negative K., thus
making it less negative. As Figure 34 shows, increasing the clearances (for a fixed
clearance ratio) makes K., more negative up to a certain point after which K, begins to
become less negative with increasing clearances. A radia inlet clearance of 5 mils (127

4m) would be typical for acompressor.
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Figure 34 Effect of Clearanceson K, (Eight Blades with Constant Clearance Ratio)

This plot was generated using the same eight-bladed diverging example sea used
for previous plots. Clearly, when b grows beyond a certain value, the 5 term in the
denominator becomes the controlling factor. This can be seen in Figure 35, which
shows a plot of the same parameters for an example seal identical to the diverging
twelve-bladed test seal except for the variable clearances.

In this case, the increased number of blades causes an increase in the magnitude of

the factor » and shifts the range of values for which K,, would have become more
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negative with increasing clearance beyond the scale of the plot. However, the 1.1

clearance ratio curve begins to sow down itstrend as the inlet clearance is lowered even

in this case.
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Figure 35 Effect of Clearanceson K, (Twelve Blades with Constant Clearance Ratio)

As aresult, it can be said that beyond a minimum inlet clearance, increasing the
clearances while holding the clearance ratio fixed can make the direct stiffness of a seal
less negative. While, increasing the inlet clearance can reduce the magnitude of the
negative stiffness (due to the »° term in the denominator of Equation (24)), it will not
change the sign of K,,. Thisis because the sign of K,, is entirely controlled by the sign
of bd + aeds, which will become more negative as the factor b becomes more negative

with increasing inlet clearance.
Effect of Clearance Ratio

In designing a PDS, the clearance ratio is changed, as is done with the pocket depth,
S0 as to obtain the maximum positive direct damping for a given number of blades.



When the either one or both clearances are changed with no attempt to hold the
clearance ratio constant, the resulting change in mass flow-rate is not directly
proportional. Asaresult, the factor 4 will no longer remain constant as it did in the case
of changing clearances with constant clearance ratio. The factors b and e will also

change while the factor a will remain constant.
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Figure 36 Effect of Clearance Ratio on K,

Figure 36 was generated using the eight and twelve-bladed test seals with inlet
clearances of 5 mils (127 ym) and inlet and exit pressures of 1000 Psi (6.90 MPa) and
500 Psi (3.45 MPa) respectively. Increasing the pressure drop has no effect on the
overall trend, but causes the stiffness to become more negative and shifts the clearance
ratio at which stiffness is most negative higher. As the number of blades increases, the
clearance ratio (Cleit/Clin) for optimum damping approaches 1:1 and as the number of
blades decreases, the optimum clearance ratio increases.

According to Equation (24), K,. will become more negative as the value of d
increases. Likewise, Equation (30) states that K., will be negative over a wider range of

frequencies for higher values of d. This can be seen by comparing the curve for the
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eight-bladed seal in Figure 37 with the curve for the 1:1.5 clearance ratio in Figure 34.
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Figure 37 Effect of Clearances (Radia) on K., (8 Blades with Optimized Clearance Ratio)

Increasing the clearance ratio to obtain an optimum value of damping increases the
flow-rate through the seal which in turn increases the magnitude of the direct stiffness

(making it more negative for most seals).

NONUNIFORM SEALS

Severa of the parameters that can be altered to reduce the negative stiffness of a
PDS also lead to a large reduction in the amount of positive damping produced by the
seal that may be unacceptable. This section examines the effects of modifying two
parameters (the pocket depth and the clearances) for asingle cavity in the seal.

Perhaps the simplest parameter to examine is the pocket depth. Whereas thereis an
optimum value of the pocket depth for which the positive damping is highest, the
stiffness becomes | ess negative with increasing depth for realistic values of pocket depth.
In the case of the diverging eight-bladed test seal with inlet and exit pressures of 1000
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Psi (6.90 MPa) and 200 Psi (1.38 MPa) respectively, the optimum pocket depth is 0.415
inches (10.54 mm). Examination of the stiffness and damping produced in each cavity
reveals that the 75% of the damping comes from the final active cavity compared to only
50% of the negative stiffness. This suggests that if one of the other three active cavities
were made deeper, this would have a desirable effect on the sedl’s stiffness without
greatly affecting its damping. For example, increasing the depth of the last cavity to
0.75 inches (19.05 mm) results in a 26% drop in the negative stiffness (less negative) but
also a 3.3% drop in the sead’ s overall damping, which may be deemed an acceptable |oss
in exchange for improving the seal’s stiffness characteristics. On the other hand, the
same increase in the third active cavity results in only a 2.2% drop in the negative
stiffness but aso results in a 5.3% increase in the direct damping. The increase in the
latter quantity can be explained by the fact that in calculating the optimum depth for the
seal, a uniform pocket depth is used throughout. Increasing the depth of the third active
cavity in this case not only provided a higher vaue of damping, but also reduced the
seal’s negative stiffness.  While the percentage changes in this case were small, they
illustrate the usefulness of being able to design non-uniform seals.

For the diverging eight bladed test seal with inlet and exit pressures of 1000 Ps
(6.90 MPa) and 500 Psi (3.45 MPa) respectively, changing the seal’s exit clearance (for
all four active cavities) from 0.006 mils (0.152 mm) to 0.0055 mils (0.140 mm) would
cut the negative stiffness by half, but would also reduce the positive damping by about a
guarter, which may be unacceptable. Making the same change in clearance, but only for
the sedl’s final blade results in an 11% drop in positive damping and a 16% drop in
negative stiffness (Iess negative), which may prove to be a more valuable change.

The damper seal code as been modified to accommodate changes to any or all of the
sedl’s blade clearances, its cavity lengths, and the its pocket depths. This alows a
designer to examine the effect of non-uniformity on the leakage and rotordynamic

properties of aseal on a case by case basis.
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CHAPTER VII

DYNAMIC TESTS

The results of the impedance shake tests are presented in this chapter. Each of the
four seal configurations, except the diverging eight-bladed seal, was tested at three
different pressure drops. For each pressure drop, shake tests were conducted with three
different rotor speeds. The inlet pressures were kept close to 1000 Psi (6.90 MPa), and
the back pressure was varied using the exit valve. Since the seals have different leakage
characteristics, the back pressure was not identical in all cases. For instance, fully
closing the exit valve provided a back pressure of about 530 Psi (3.66 MPa) for the
straight-through twelve-bladed seal but about 660 Psi (4.55 MPa) in the case of the
eight-bladed seal.

The diverging eight-bladed seal could not be tested with an inlet pressure of 1000
Ps (6.90 MPa). The sed’s negative stiffness made testing at this pressure impossible
since any deviation from an approximately centered position of the stator caused it to
move further until it came into contact with the rotor. This was the case even with the
exit valve fully closed (therefore providing the lowest possible pressure drop).

The criterion used to determine whether or not the seal could be tested at a given
pressure and with a given pressure drop was whether or not the stator could be moved
until it came into contact with the rotor from one extreme to another in both orthogonal
directions without “sticking” to the rotor. Using this criterion, the highest inlet pressure
at which this seal could be tested was about 900 Psi (6.21 MPa) with a pressure ratio of
approximately 1.7. Limitations on the pressure drop as well as the inlet pressure led to
this seal being tested under only two sets of pressure conditions. Table 5 summarizes
the test conditions for the two eight-bladed seal configurations while Table 6 lists the

same information for the two twelve-bladed seal configurations.
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DIRECT STIFFNESSPLOTS

The stiffness results of the shake tests are presented in Figure 38 through Figure 46
for the straight-through eight-bladed seal, Figure 47 through Figure 52 for the diverging
eight-bladed seal, Figure 53 through Figure 61 for the straight-through twelve-bladed
seal, and Figure 62 through Figure 70 for the diverging twelve-bladed seal. Each figure
isaplot of the direct stiffnessin the x and y direction for a given pressure drop and rotor
Speed.

The plots contain afirst, second, or third order curve that attempts to best fit the data
points. In some cases these trend-lines were omitted to make the scattered nature of the
data more apparent. Theoretical predictions generated using the damper seal code are
also included on each plot. These predictions take into consideration both the growth of
the rotor at higher speeds and the discharge coefficients obtained in Chapter V. In the
case of the straight-through twelve-bladed seal (for which no coefficients were
determined) the discharge coefficients of the diverging twelve-bladed seal were used to
generate the predicted curve.

For each set of tests (using either the baseline inserts or the seals) the test for one of
the rotor speeds was repeated 10 times (for a total of 12 shakes in each direction for all
three rotor speeds). The standard deviation of the results for each data point provides the
uncertainty data for agiven test. The error bars for each point on the plots correspond to
the square root of the sum of the squares of the test and baseline standard deviations.

The data taken at frequencies associated with electrical noise, namely 30 Hz, 60 Hz,
120 Hz, 180 Hz, and 280 Hz, were deleted due to their high uncertainty values. The 50
Hz data point was also omitted. The 30 Hz data point was not removed from Figure 45
so as to display the relative magnitudes of its error bars to those of the remaining data

points.



Table5 Impedance Test Conditions - Eight-Bladed Seals

Seal Pressure Rotor Speed -Pm .Pexit Pres;ure
Drop (RPM) (Psi) | (MPa) | (Psi) | (MPa) Ratio

Low 10,200 1030 7.10 539 3.72 1.91

Low 15,200 1029 7.10 530 3.66 1.94

Low 20,200 1014 6.99 505 3.48 2.01

o | Intermediate 10,200 1014 6.99 343 2.37 2.96
2 Intermediate 15,200 1029 7.10 339 2.34 3.04
— | Intermediate 20,200 1031 7.11 328 2.26 3.14
High 10,200 1047 7.22 135 0.93 7.76

High 15,200 1012 6.98 126 0.87 8.03

High 20,200 1025 7.07 126 0.87 8.13

Low 10,200 731 5.04 454 3.13 1.61

x Low 15,200 714 4.92 436 3.01 1.64
g Low 20,200 723 4.99 433 2.99 1.67
< | Intermediate 10,200 939 6.48 528 3.64 1.78
< | Intermediate 15,200 953 6.57 582 4.01 1.64
Intermediate 20,200 930 6.41 554 3.82 1.68

Table 6 Impedance Test Conditions - Twelve-Bladed Seals

Seal Pressure Rotor Speed _ Pin _ Pexit Press_ure
Drop (RPM) (Psi) | (MPa) | (Psi) | (MPa) Ratio

Low 10,200 1012 6.98 660 4,55 1.53

Low 15,200 1021 7.04 660 4,55 1.55

Low 20,200 1031 7.11 667 4.60 1.55

o | Intermediate 10,200 1000 6.90 401 2.77 2.49
8 Intermediate 15,200 1000 6.90 396 2.73 2.53
— | Intermediate 20,200 1010 6.97 394 2.72 2.56
High 10,200 1009 6.96 166 1.14 6.08

High 15,200 1010 6.97 165 1.14 6.12

High 20,200 1023 7.06 164 1.13 6.24

Low 10,200 987 6.81 714 4,92 1.38

Low 15,200 994 6.86 715 4.93 1.39

Low 20,200 997 6.88 710 4.90 1.40

o | Intermediate 10,200 1012 6.98 465 3.21 2.18
((j Intermediate 15,200 1000 6.90 455 3.14 2.20
— | Intermediate 20,200 1019 7.03 457 3.15 2.23
High 10,200 1018 7.02 230 1.59 4.43

High 15,200 1015 7.00 226 1.56 4.49

High 20,200 1019 7.03 224 1.54 4,55
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STRAIGHT-THROUGH EIGHT-BLADED SEAL

The results presented for this seal agree well with the theoretical predictions insofar
as the overall behavior of the seal over arange of frequencies is concerned. Except for
the 20 Hz data point, both X, and K,, are positive and increase with increasing
frequency. The 40 Hz data point is a clear deviation from the trend, but it has high
uncertainty associated with it and varies widely in value for the x and y directions as can
be seen in Figure 43.

For the low pressure drop case, the damper seal code predicts the direct stiffness
reasonably well up to a frequency of about 120 Hz. Beyond that point, the stiffness is
under-predicted with a theoretical value of approximately 60% of the measured value at
250 Hz for the low pressure drop and intermediate speed case.

For all three speeds, the low pressure drop results diverge from the theory at
frequencies beyond 270 Hz more than the results obtained for the higher pressure drops.
Almost every plot aso shows a dlight dip in stiffness in the 230 Hz to 260 Hz range.
This is especialy evident in the K, plots. The uncertainty associated with these data
points is, however, dightly above average, perhaps due to their proximity to the deleted
240 Hz data point.

The low and intermediate pressure drop data seems to indicate that the highly
negative 20 Hz data point should be ignored even though there is no high uncertainty
associated with this reading in any of the plots. According to the data for every pressure
drop and rotor speed condition and in both the x and y directions, the seal has a negative
stiffness at 20 Hz that is on the same order of magnitude as the positive stiffness values
obtained at other frequencies. For the low pressure drop condition, removal of this data
point allows a reasonable straight line curve fit of the data. Thisline passes close to zero
stiffness at 0 Hz, which isin agreement with the theory.

That this data point should not be ignored becomes more evident, however, when
the high pressure drop datais examined. For all three rotor speeds, all values of K., and

K,, for frequencies under 100 Hz are negative. Furthermore, as can be seen in Figure 44,
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the reading at 20 Hz now follows the general trend.

Figure 45 is a good example of the importance of using baseline data with a low
level of scatter. The K, data points in the range of 220 Hz to 270 Hz clearly deviate
from the trends shown in other tests and from the K, data for the same test. While the
test uncertainty for these points is on the same order as the uncertainties for the other
points on the plot, the baseline uncertainty values associated with these points are three
to four times as high as those for lower frequencies. This suggests that the sedl’s
behavior is more likely given by the K. data than the K, datain this case.

The damper sea code predicts the overall trend of the data well for the low and
intermediate pressure drop conditions. The first major deviation from the theoretical
predictions is the magnitude of direct stiffness, which can be as high as twice the
predicted value at high frequencies. The second deviation, and perhaps more significant
one, is the failure to predict negative stiffness at lower frequencies especially for the

high pressure drop condition.

DIVERGING EIGHT-BLADED SEAL

For the low pressure drop condition, the theoretical predictions match the direct
stiffness results reasonably well. For instance, Figure 48 shows that K, in the 70 Hz to
100 Hz range is predicted amost exactly by the damper sea code. Many of the
frequencies of vibration that are encountered in turbomachinery applications fall within
thisrange.

The slope of the theoretical curve and the data trend match for the 15,200 RPM and
20,200 RPM rotor speeds, but there is an offset between the two, with the code under-
predicting the stiffness by about the same amount over the range of test frequencies
above 100 Hz. The offset between the data and the theoretical curve for the diverging
eight-bladed seal means that the point at which the seal stiffness becomes positive occurs
at a significantly lower frequency than is predicted. This occurs at about 200 Hz for all

rotor speeds for the low pressure drop condition and more than 50 Hz lower than that for
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the intermediate pressure drop condition.

The 20 Hz and 40 Hz data points behave in very similar fashions to the same points
for the straight-through eight-bladed seal. The former is highly negative and is
somewhat removed from any general trend for the low pressure drop condition, but fits
in better for the high pressure drop condition. The latter is inconsistent with the data at
other frequenciesin all but afew cases.

For this seal configuration, the prediction error is lower for the low pressure drop
condition, especiadly at lower frequencies. A comparison of the x direction direct
stiffnesses of the two eight-bladed seal configurations is presented in Figure 71 for
frequencies of 70 Hz, 150 Hz, and 220 Hz.

STRAIGHT-THROUGH TWELVE-BLADED SEAL

The results for this seal are not easily interpreted for three reasons. First, the datais
highly scattered, especially in the y direction as can be seen in Figure 60. Second, the
uncertainties associated with the 70 Hz to 100 Hz frequencies are high, and these points
do not follow a particular trend or fit in with the higher frequency data. Third, for
several tests, thereislittle correlation between the stiffnessesin the x and y directions.

The K., data for frequencies above 120 Hz, seems to be only dightly frequency
dependent. For example, Figure 56 shows that K, varies between approximately 25,000
Ib/in (4.38 MN/m) to 30,000 Ib/in (5.25 MN/m) in the 120 Hz to 300 Hz frequency range
for the intermediate pressure drop condition with arotor speed of 10,200 RPM.

The theory also predicts only a minor trend of stiffness increasing with frequency,
but greatly under-predicts the magnitude of the stiffness by an entire order of magnitude
in several cases. The data is, however, consistent when it comes to the sign of the
stiffness. With the exception of the data points with high uncertainty valuesin the 70 Hz
to 100 Hz range, al test conditions yielded positive stiffness values over the entire
frequency range.
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DIVERGING TWELVE-BLADED SEAL

Like the diverging eight-bladed seal, this seal has a stiffness that is negative at lower
frequencies and eventually becomes positive beyond a certain frequency. Thisis clearly
seen in the 100 Hz to 300 Hz range of the results for the low and intermediate pressure
drop conditions. With a higher pressure drop across the seal, the stiffness across the
entire frequency range becomes negative, but still follows the predicted trend as shown
in Figure 68.

The results obtained for frequencies below 100 Hz for the low pressure drop
condition suggest that the stiffness initially starts out positive and decreases rapidly
before increasing and becoming positive once more. While this can also be seen in
several plots for the other two pressure drop conditions, these points have high
uncertainty values.

The stiffness values are highly dependent on the pressure drop. At a frequency of
100 Hz and a rotor speed of 10,200 RPM, the sedl’s stiffness in the x direction is
approximately -20,000 Ib/in (-3.50 MN/m) for a high pressure drop, -10,000 Ib/in (-1.75
MN/m) for an intermediate pressure drop, and -5,000 Ib/in (-0.88 MN/m) for a low
pressure drop.

The damper seal code predicts stiffness values that are considerably more negative
than the measured values. The over-prediction of negative stiffness increases with
increasing pressure drop across the seal.

The diverging twelve-bladed and eight-bladed seal data are reexamined in Chapter
VIl in acomparison of the results of the shake tests with static test results.
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CHAPTER VIII

STATICTESTS

To verify the results obtained through the impedance anaysis by dynamicaly
testing the sedls, the diverging configurations of the eight-bladed and twelve-bladed
seals were tested statically to determine their stiffness coefficients.

During these tests, the shakers induced a purely trandatory motion in the stator.
The term static refers to this zero frequency nature of the excitation and not to the fact
that the rotor was not spinning during the tests. The latter was simply a precaution that
prevented potentially damaging contact between the rotor and the stator at extreme test
locations.

THEORETICAL MODEL
The system of equations relating the seal forces to the motion of the stator are

greatly smplified for zero frequency excitation since all velocity and acceleration terms
are eliminated.

|:Fxx Fyxj| _ |:Kxx ny :||:Dxx Dyxj|
FX)’ Fyy K}’X K}’y DX)’ Dyy

These four equations can be solved for the stiffness coefficients in terms of the

direct and cross-coupled forces and displacements.
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If the proximity probes in the direction orthogonal to the direction of excitation read
no displacement, the equations would be decoupled the stiffness coefficients would be

given by the slopes of the force versus displacement curves.

F
K — XX ny — O
)"
K}r — O K}y = pad

However, since the seals may exhibit some cross-coupling and since both shakers
are connected to the stator regardless of which one is being used to excite the stator,
these simplified expressions for the stiffness coefficients may be inaccurate. Asaresullt,

Equations (33) were used to obtain the static stiffness coefficients.

PROCEDURE

The assembly, centering, and data acquisition procedures followed for the static and
dynamic tests are identical. The shakers were used to center the stator and the force and
displacement readings taken at the centered position were taken as zero datum values.

One shaker was used to move the stator along one axis in increments of
approximately 0.5 mils (12.7 tm) first moving away from the centered position then,

once contact with the rotor was made, back towards the centered position. At each of
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these locations, displacement data from the four proximity probes and force data from
the two force transducers were recorded. The same procedure was then repeated for the
orthogonal direction.

Aswas the case for the dynamic tests, solving the system of equations governing the
motion of the stator requires two tests; one in each orthogonal direction. The centered
position readings were subtracted from the data at each incremental location, and x and y
direction readings were combined in Equations (33) to calculate the stiffness
coefficients.

The data becomes nonlinear when the stator and the rotor come close to making
contact. These nonlinear readings were eliminated before calculating the means of the
remaining stiffness coefficients.

For each seal two pressurized tests and a zero pressure baseline test were carried
out. Theinlet and exit pressures were chosen so as to match the pressures at which the
seals were tested dynamically as closely as possible. The six sets of test conditions are
listedin Table 7.

Table 7 Static Stiffness Test Conditions

Test Pin (Psi) Pin (MPa) Pexit (PSi) Pexit (MPa)
8-Bladed Test 1 700 4.83 370 2.55
8-Bladed Test 2 1000 6.90 500 3.45
12-Bladed Test 1 1000 6.90 700 4.83
12-Bladed Test 2 1000 6.90 180 1.24

8-Bladed Baseline 0 0 0 0
12-Bladed Baseline 0 0 0 0

Theoretically, one baseline test should have sufficed for both seals, but the use of
squirrel cages to overcome limits on testing the eight-bladed seal meant that the
baselines were not identical for both seals.
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The two baseline tests were carried out under zero pressure conditions and the rotor

Table 8 Basdline Static Stiffness Coefficicients

was not spinning during the tests. Table 8 and Table 9 summarize the test results.

Test Case Ky (Ib/in) Ky (Ib/in) Kyx (Ib/in) K,y (Ib/in)
Without Squirrel Cages 15,916.77 -359.53 -251.64 14,858.55
With Squirrel Cages 72,096.19 91.61 6,027.74 72,067.43
Table 9 Baseline Static Stiffness Coefficients (Sl Units)
Test Case Kyx (MN/m) Kyy (MN/m) Kyx (MN/m) Kyy (MN/m)
Without Squirrel Cages 2.787 -0.063 -0.044 2.602
With Squirrel Cages 12.625 0.016 1.056 12.620

Although these two tests did not have the same seal installed in the stator assembly,
the fact that there was no pressure drop across the seals means that any difference in the
coefficients from one test to the other is due to the addition of the squirrel cages. Table
8 shows that the two squirrel cages combined resulted in a symmetric increase in
baseline direct stiffness of about 57,000 Ib/in (9.98 MN/m).

The cross-coupled coefficients are of the same sign and arise due to the mechanical
cross-coupling caused by the shakers and the other connections between the stator
assembly and the housing. The results of baseline test for the eight-bladed seal show
that there is considerable difference between the magnitudes of X, and K. This may be
in part due to improper fastening of the two halves of the squirrel cages or to minor
angular warping in the ribs of one squirrel cage.

The basdline stiffness coefficients were subtracted from the coefficients calcul ated
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from the pressurized data so as to give the stiffness coefficients for the each seal.

PRESSURIZED TESTS

The results of the four pressurized tests with the baseline values subtracted are
presented in Table 10 and Table 11. All coefficients have been divided by two to obtain
the results for one seal. As was expected, the magnitude of the negative stiffness for the
eight-bladed seal is higher than that for the twelve-bladed seal. In addition, for both

seals, the magnitude of negative stiffness increases with increasing pressure drop.

Table 10 Sea Static Stiffness Coefficients (Baseline Subtracted)

Test Kx (Ib/in) Ky (Ibfin) Kyx (Ibfin) Kyy (Ibfin)
8-Bladed Test 1 -46,373.84 767.51 8,719.28 -41,075.65
8-Bladed Test 2 -64,304.27 912.30 3,074.13 -60,803.19
12-Bladed Test 1 -11,094.20 -10.01 -751.51 -9,932.93
12-Bladed Test 2 -39,212.94 -3,330.31 -1,879.96 -36,302.19

Table 11 Seal Static Stiffness Coefficients (Baseline Subtracted — Sl Units)

Test Kyx (MN/m) Kyxy (MN/m) Kyx (MN/m) Kyy (MN/m)
8-Bladed Test 1 -8.121 0.134 1.527 -7.193
8-Bladed Test 2 -11.261 0.160 0.538 -10.648
12-Bladed Test 1 -1.943 -0.002 -0.132 -1.739
12-Bladed Test 2 -6.867 -0.583 -0.329 -6.357

This data supports the decision to include the data points at a frequency of 20 Hz
even though in some cases, these points did not fall in line with the rest of the data
(Chapter VII). For both diverging seals, the K, and K, have significantly large negative
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values, even at lower pressure drop conditions.

Table 12 presents a comparison of the static results with the results of the shake
tests. Extrapolating a curve fit of the dynamic test data provided an estimate of the
direct stiffness at 0 Hz. It would be logical to assume that the best correlation would be
obtained using the 10,200 RPM data, since that speed is the closest to the zero rotor
speed of the static tests. However, the fact that the data is somewhat scattered and that
any curve fit might yield highly erroneous results necessitated the use of the data for al
three rotor speeds. A positive valuein Table 12 indicates that the magnitude of the static
stiffness was higher than that of the dynamically calculated stiffness.

While these discrepancies are not negligible, the results of both tests are close,
indicating that the methodology used to obtain the direct stiffness from the shake testsis
sound.

The curves that were extrapolated for the comparison with the static test results
were those that best fit datathat was, in some cases, highly scattered. Straight lines were
used to fit the data for the twelve-bladed seal under the lower pressure drop conditions,
while second order curves were used for the remaining three cases.

Table 12 Deviation of Shake Test Results from Static Test Results

Test Direction Percentage Deviation
10,200 RPM | 15,200 RPM | 20,200 RPM

o Bladed Teet 1 X 19.53 0.74 7.91

y 857 1350 9.73

X 27.28 583 10.24
8-Bladed Test 2 —— 16.19 11.60 6.96

X 5.90 435 222.24
12-Bladed Test 1 —— 1123 2397 1417

X 17.96 16.36 27.36
12-Bladed Test 2 \—— 11.88 10.12 17.88

The 222% deviation in K, a 20,200 RPM for Test 1 of the twelve-bladed sedl
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resulted from a curve fit of data that was highly scattered at low frequencies as can be
seen from Figure 64 of Chapter VII.

Note that the pressure conditions for the shake and static tests that were compared
were not exactly identical. The most severe discrepancy was in the case of the 10,200
RPM data for the eight-bladed seal (for the lower pressure drop condition) in which the
inlet and exit pressures were 731 Psi (5.04 MPa) and 454 Psi (3.13 MPa) instead of 700
Ps (4.83 MPa) and 370 Psi (2.55 MPa). Most of the other discrepancies were not as
large such as in the case of the 15,200 RPM data for the twelve-bladed seal (for the
lower pressure drop condition) in which the inlet and exit pressure were 994 Psi (6.86
MPa) and 715 Psi (4.93 MPa) instead of 1000 Psi (6.90 MPa) and 700 Ps (4.83 MPa).
Taking into consideration the scattered nature of the data and the lack of exactly
identical pressure conditions, the deviations in the results of static and shake tests fall

within reasonable limits.
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CHAPTER IX

DISCUSSION

The theory and results presented in this thesis were discussed in their respective
chapters. The current chapter attempts to address outstanding issues and provides any
necessary additional comments on models and methodology or on the interpretation of
analytical or empirical data.

DISCHARGE COEFFICIENTS

Estimates of the discharge coefficients for the inlet and exit blades of three of the
four tested sea configurations were presented in Chapter V. These seals were tested at
considerably higher pressures than previously tested seals, but there were also significant
geometric differences between the test seals used in this analysis and the seals previously
tested. Furthermore, there are differences between the eight-bladed and twelve-bladed
seals of this thesis that doubtless contribute to the need for different discharge
coefficients for each seal configuration.

Figure 72 shows close-up views of the blades and partition walls of the diverging
eight and twelve-bladed seals respectively.

F—————————— ==

Figure 72 Blade Geometry for Diverging 8-Bladed (left) and 12-Bladed (right) Seals
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The first difference between the two sedls is the shape of the notch. Notch shape
effects were examined by Kannan [23], but were not taken into consideration in the
theory used to predict the direct stiffnesses of the test seals presented in Chapter VII.
The analysis smply used the difference in area to calculate an enlarged equivalent
clearance between seal and rotor and used the St. Venant equation for flow through an
orifice to calculate the mass flow-rate and subsequently the stiffness.

Another geometric inconsistency can be seen in the partition walls of the eight-
bladed seal. The wall thickness used in the damper seal code was 0.4 inches (10.16
mm), which is the thickness of the actual wall at its narrowest point. In other words, the
pocket volume used in the damper seal code was dlightly larger than the actual pocket
volume.

A geometric factor with more influence on the leakage and the discharge
coefficients is the shape of the blade tips of the twelve-bladed seal. The relatively high
discharge coefficients for this seal are at least in part due to increased leakage across
these forward and backward beveled blades.

The differences between the discharge coefficients obtained for the test seals and
those used by Shultz [9] are probably due in part to such geometric differences, but are
also increased by the difference in test pressures. Wittig, et al. [24] present numerical
predictions for the discharge coefficients of labyrinth seals that show their dependence
on theratio of pressures across the seals.

The importance of taking into consideration shaft growth in labyrinth seal
applications is cited by Waschka, Wittig, and Kim [25], who also discuss the speed
dependency of discharge coefficients due to rotational effects. While such effects can be
expected to have less importance in a PDS with its partition walls, this does go some

way in explaining the error in predicting mass flow-rates are higher speeds (Chapter V).



101

SHAKE TESTS

Attempts to test the diverging eight-bladed seal with higher pressure drops than
those presented in Chapter VIl were unsuccessful for the same negative stiffness reason
associated with attempting to raise the inlet pressure. In one case the stator was able to
move from one extreme to another without “sticking” to the rotor before shaking, but
began to rub against the rotor in a circular motion around its circumference as soon as a
translatory shake was induced.

As was mentioned earlier, the 30 Hz, 50 Hz, 60 Hz, 120 Hz, 180 Hz, and 240 Hz
data points were not included in results of Chapter VII. For all four seal configurations,
the 40 Hz data point had higher values of variance than those for the higher frequencies.
For the twelve-bladed seal configurations this variance is less than that of the data points
around 40 Hz, but for the eight-bladed configurations it is clearly the largest variance.
Additional justification is offered by the comparison of the static and dynamic
stiffnesses of both diverging seals in Chapter VIII. The results agreed reasonably well
only when the 40 Hz data point was omitted. In addition, the results of the static tests
suggest that the direct stiffness measurements at 20 Hz are accurate regardless of what
seems like a deviation from the general trend in several cases.

The curves used to fit the results of the shake tests are only intended to serve as a
general indication of any trends in the data. To fit the data perfectly, a curve of order
one less than the number of points would be needed, but no curve with an order higher
than three was used to fit the data. In some cases, such as the 15,200 RPM test of the
straight-through eight-bladed seal with a low pressure drop (Figure 39), a second order
curve seemed to best fit the lower frequency data while a higher order curve would
better fit the high frequency data. On the other hand, the results of the 10,200 RPM test
of the diverging twelve-bladed seal with an intermediate pressure drop (Figure 65),
seems to be best fit by a straight line. Neither of these sets of data is highly scattered.
The curves selected to fit the data for the comparison of static and dynamic test results
were those that best represented the trend followed by the data points, especially those
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below 100 Hz.

The negative values of stiffness obtained for the straight-through eight-bladed seal
at frequencies below 100 Hz is a significant deviation from the theory of the PDS. It can
be argued that imperfections in manufacturing the seal could have led to adiverging seal
with a frequency-dependent stiffness that becomes positive beyond a certain frequency,
as was discussed in Chapter VI. This assumption does not, however, explain the
overwhelmingly positive stiffness values obtained for this seal under the low and
intermediate pressure drop conditions.

While it is highly dependent on pressure drop, the direct stiffness of the straight-
through eight-bladed seal is more or less independent of rotor speed. This follows from
the fact that the mass flow-rate exhibits only minor changes from one speed to another
and indicates that rotational effectsin aPDS have only minor effects on direct stiffness.

The offset between the predicted and measured curves for the diverging eight-
bladed sea means that while the theory under-predicts the stiffness at higher
frequencies, it either over-predicts (predicts more negative values) or accurately predicts
the stiffness at lower frequencies. This indicates that multiplying by a simple correction
factor may result in more accurate prediction of this sea’s stiffness at either higher or

lower frequencies, but not both simultaneoudly.

DAMPER SEAL CODE

It is possible to model any pocket damper seal with an even number of blades as a
superposition of two-bladed sub-models. Each of these two-bladed seals would have a
length equal to the active cavity length of the original seal plus twice the blade thickness.
Theinlet and exit pressures for each two-bladed seal would be the pressures immediately
upstream and downstream of their corresponding active cavities. Since these pressures
are taken from modeling the actual seal, and since the corresponding cavity lengths and
blade clearances are identical in both models, the mass flow-rates should also be the

same.
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The original damper seal code contained some errors. It calculated different flow-
rates through each blade and used the minimum value as the flow-rate through the seal.
A comparison of a model of the entire seal and a series of four two-bladed sub-models
for the diverging eight-bladed test seal resulted in an difference of over 17% in
predicting the direct stiffness using inlet and exit pressures of 950 Psi (6.55 MPa) and
500 Psi (3.45 MPa) respectively. An identical comparison using the corrected flow-rate
calculation presented in this thesis leads to an error of less than one hundredth of a
percent.

For cases in which the flow through the last blade (or severa blades) is choked, the
pressure downstream of the final blade calculated using the maximum allowable
pressure ratio (Equation 3, Chapter 111) is not the same as the prescribed back pressure.
The pressure immediately downstream of a constriction through which flow is choked is
given by this caculated value and not by the prescribed back pressure (Fox and
McDonald [26]) and, as a result, it is this pressure that is used in calculating the
rotordynamic coefficients of the seal.
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CHAPTER X

CONCLUDING SUMMARY

The following points summarize the topics covered in this thesis and the results that

were presented as well as possible steps that can be taken to follow up on this research.

The mass flow-rate calculation used in the existing damper sead code was
corrected using an iterative technique analogous to Holzer’ s method.

The static pressures in the second and third active cavities of both configurations
of the eight-bladed seal were measured. Examination of these pressures led to the
determination that the correlation between measured and predicted values of the
pocket pressures was improved by selecting discharge coefficients such that the
ratio of the inlet to the exit coefficient was as low as possible.

Whereas the ratio of these coefficients was found to affect the static pressure
predictions, the actual values of the coefficients determine the amount of |eakage
through the seal. Therefore, in order to avoid significantly under-predicting the
leakage, there is alower limit to the discharge coefficient ratio mentioned above.
The coefficients that were selected were those that offered the best match between
theoretical and measured values for both the pressures and the leakage data.

The comparatively high values of the discharge coefficients selected for the
diverging twelve-bladed seal are, at least in part, attributable to increased |eakage
due to the beveled blades of that seal.

The effect of reduced clearances due to shaft growth on the leakage characteristics
of the seals was examined. Taking shaft growth into account resulted in more
accurate leakage predictions, but the error in prediction increased with increasing
shaft speeds due to rotational effects.

The effects of seal design parameters, namely the pocket depth, the clearances,
and the number of blades, were examined. In addition, the use of non-uniform
seal designs was discussed. The analytical results show that for a given diverging
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PDS, making the pockets deeper or increasing the length of the active cavities
results in a drop in the value of the sead’s negative stiffness (making it less
negative). Decreasing a seal’s clearance ratio reduces the leakage through the
seal, which reduces its negative stiffness. Increasing a seal’s inlet clearances
while holding the clearance ratio constant resultsin an initial increase in the seal’s
negative stiffness, but this effect is reversed as the inlet clearness are enlarged
beyond a given value. In addition to resulting in such effect reversals, making
changes to some design parameters leads to effects that counterbalance each
other. For instance, increasing the number of blades results in shorter active
cavities, but in higher optimum pocket depth values; two changes that have
opposite effects on the sed’s stiffness. Limitations on the use of these design
parameters to manipulate seal performance arise due to one of two considerations.
Thefirst isthat the effect of the change being considered may not be large enough
to justify possible undesirable results (a change that makes a seal’s stiffness less
negative may also reduce its positive damping). Secondly, the required change
may not be physicaly feasible (for example, there is a physical limit to the depth
of the pockets). Analysis of seals with non-uniform geometries shows that
changing design parameters in selected cavities can decrease a sed’s negative
stiffness while reducing or eliminating adverse effects on its positive damping.

The damper seal code, with the corrected mass flow-rate calculation and the
appropriate discharge coefficients, was used to predict the direct stiffnesses of the
test seals for various rotor speeds and test pressures. The magnitudes of the direct
stiffness were significantly under-predicted by the code in the cases of the
straight-through twelve-bladed seal and both eight-bladed seal configurations.
For the diverging twelve-bladed seal, however, the measured values of the
negative stiffness were considerably lower than the predicted magnitudes. The
code over-predicted the frequency at which the stiffness of a diverging seal
becomes positive and failed to predict the negative stiffness values that were

measured at low frequencies for straight-through seals. The code does, however,
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accurately predict genera trends in the frequency dependency of the direct
stiffness as well as the effects of changing rotor speed and pressure drop.

o Static tests were carried out in order to validate the results of the shaketests. The
static test data supported the results of the dynamic tests reasonably well and also
assisted in the interpretation of those results.

Further examination of the effects of seal geometry on the mass flow-rate would
provide better understanding of the factors which led to the need for the discharge
coefficient values used for each seal in this thesis. Further detailed examination of the
magnitude and phase of the dynamic pocket pressures may help explain the reasons for
the poor correlation between the measured and predicted stiffness magnitudes and may

aid in improving the models currently used.
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APPENDIX

This appendix contains additional data referred to in the body of this thesis. This
consists of the detailed leakage test data that was used to determine the discharge
coefficients of the test sealsin Chapter V.

Table A lists all data for the leakage tests carried out on both the straight-through
and diverging eight-bladed seals. The modified inlet and exit discharge coefficients for
the straight-through seal are 0.75 and 0.85 respectively and 0.75 and 1.25 respectively
for the diverging seal. Table B lists al data for the leakage tests carried out on the
diverging twelve-bladed seal (two sets of data). The modified inlet and exit discharge
coefficients for this seal are 2.30 and 2.75 respectively. The origina discharge
coefficients are 1.10 for inlet blades and 0.95 for exit blades.



Table A Leakage Datafor Eight-Bladed Seal (Pressuresin Psi and Mass Flow-Ratesin Ib/s)

Seal | RPM Pin | Pexit | AP | Measured Flow | Flow 1 | Flow 2 | Flow 3
10,200 | 1046 | 135 | 912 0.7120 0.8004 | 0.7112 | 0.7192

o 10,200 1013 | 342 | 671 0.6882 0.7674 | 0.6798 | 0.6874
,5:“ 10,200 | 1030 | 539 | 491 0.6357 0.7202 | 0.6370 | 0.6442
9 ]15,200| 1011|126 | 885 0.6611 0.7630 | 0.6780 | 0.6951
E 15,200 | 1029 | 338 | 691 0.6768 0.7704 | 0.6825 | 0.6998
‘;.‘3 15,200 | 1028 | 530 | 498 0.6212 0.7124 | 0.6301 | 0.6460
2 20,200 1025 | 126 | 899 0.6427 0.7586 | 0.6741 | 0.7048
— 20,200 1031|328 | 703 0.6443 0.7585 | 0.6722 | 0.7028
20,200 1014 | 505 | 509 0.5921 0.6964 | 0.6160 | 0.6441

0 1009 | 599 | 410 0.7275 0.8069 | 0.7252 | 0.7252

0 1012 | 601 | 411 0.7341 0.8092 | 0.7272 | 0.7272

-% 0 1027 | 615 | 412 0.7319 0.8177 | 0.7349 | 0.7349
o 0 1016 | 604 | 412 0.7385 0.8119 | 0.7297 | 0.7297
§ 0 1027 | 613 | 414 0.7297 0.8190 | 0.7362 | 0.7362
g 10,200 | 939 | 582 | 357 0.6592 0.7263 | 0.6527 | 0.6596
Q 10,200 | 731 | 454 | 277 0.4938 0.5647 | 0.5075 | 0.5129
8 15,200 | 953 | 581 | 372 0.6548 0.7350 | 0.6600 | 0.6757
: 15,200 714 | 436|278 0.4674 0.5502 | 0.4941 | 0.5057
20,200 | 930 |553|377 0.6151 0.7142 | 0.6407 | 0.6679
20,200 723 | 432|291 0.4564 0.5539 | 0.4969 | 0.5180

Flow 1 - Original discharge coefficients. Shaft growth considered.

Flow 2 - Modified discharge coefficients. Shaft growth considered.

Flow 3 - Modified discharge coefficients. Shaft growth neglected.
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Table B Leakage Datafor Twelve-Bladed Seal (Pressuresin Psi and Mass Flow-Ratesin 1b/s)

Seal | RPM Pin | Pexit | AP Measured Flow | Flow 1 | Flow 2 | Flow 3
« |10,200| 1018 | 229 | 789 1.1993 0.8392 | 1.2442 | 1.2572
¢ot 10,200 | 1011 | 464 | 547 1.1552 0.7789 | 1.1598 | 1.1718
= (10,200 | 987 | 713 | 273 0.8907 0.6005 | 0.8957 | 0.9049
% 15,200| 1014 | 226 | 789 1.1883 0.8256 | 1.2234 | 1.2524
Q 15,200 | 999 | 454 | 545 1.1243 0.7619 | 1.1341 | 1.1605
g 15,200 993 | 715 | 279 0.8885 0.5989 | 0.8928 | 0.9135
8 20,200 1019 | 224 | 795 1.1684 0.8153 | 1.2072 | 1.2587
N 20,200 1018 | 457 | 561 1.1221 0.7650 | 1.1381 | 1.1858
- 20,200 | 997 | 710 | 288 0.8752 0.5976 | 0.8904 | 0.9275
~ 10,200| 1018 | 238 | 781 1.1995 0.8385 | 1.2436 | 1.2566
I 10,200| 1010 | 494 | 516 1.1498 0.7655 | 1.1402 | 1.1520
% 10,200| 1023 | 744 | 278 0.9372 0.6180 | 0.9217 | 0.9312
% 15,200 | 1011 | 236 | 776 1.1924 0.8224 | 1.2192 | 1.2480
e 15,200 | 1006 | 491 | 515 1.1443 0.7536 | 1.1220 | 1.1481
g 15,200| 1019 | 742 | 277 0.9339 0.6072 | 0.9053 | 0.9263
8 20,200| 1016 | 237 | 779 1.1988 0.8119 | 1.2030 | 1.2542
o |20,200( 999 | 488 | 511 1.1369 0.7352 | 1.0940 | 1.1398
- 20,200 1014 | 738 | 276 0.9302 0.5941 | 0.8853 | 0.9222

Flow 1 - Original discharge coefficients. Shaft growth considered.
Flow 2 - Modified discharge coefficients. Shaft growth considered.
Flow 3 - Modified discharge coefficients. Shaft growth neglected.
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