THE UNIVERSITY OF

WARWICK

University of Warwick institutional repository: http://go.warwick.ac.uk/wrap

A Thesis Submitted for the Degree of PhD at the University of Warwick

http://go.warwick.ac.uk/wrap/77388

This thesis is made available online and is protected by original copyright.
Please scroll down to view the document itself.

Please refer to the repository record for this item for information to help you to
cite it. Our policy information is available from the repository home page.


http://go.warwick.ac.uk/wrap
http://go.warwick.ac.uk/wrap/77388

Heat Transfer in Solar Absorber Plates
with Micro-Channels

By

Muyiwa Adeyinka Oyinlola

A thesis submitted to The University of Warwick
For the degree of Doctor of Philosophy in Engineering

University of Warwick, Department of Engineering
July 2015



Table of contents

TabIE OF CONTENTS ...t sre e i
LISt OF TADIES. ...ttt bbb iX
LISt OF FIQUIES ...ttt e e te e te e ra e beebeaneenre s X
ACKNOWIEAGEMENTS ...t XVi
D =Tod - V-1 o] SR STSRPRSI XVii
Contributions t0 KNOWIEAGE ..........oiiiiiiiieee e Xviii
N 0L = Tod OSSR XX
NOMENCIATUE ... ettt bbb enes XXI
(€] [0S OSSPSR XXVi
IR 1011 0o [ Tox 1 o o OSSPSR 1
1.1 BACKGIOUNG ..ot 1
1.1.1  Flat Plate CollECTOrS .....cooiieiiiie e 1
0 I O A €T 1 411 1 AR PRUPRRUPRIN 2

1.1.1.2  Working FIUI........c.ooiiiiecee e 3
1.1.1.3  MiNImMISING J0SSES .....vvveiieiiieiie sttt 4
1.1.1.4  Building INtegration .........cccooeieiiiiniiiieee e 5

1.1.2  Compact Flat Plate Collectors — The game changer...........cc.ccoovvvenenne. 6

1.2 AIM and ODJECTIVES ......oouiiiiiiiiiiiieieiee e 8
1.3 Summary 0f the TNESIS......cccceiiieiii i 8
2. LITErature REVIBW .......coiiiiiiie ittt 11
2.1 BaCKQIOUNG ..ottt et 11



2.2 OVBIVIBW et nnnn 13

2.3 SCAlING EFTECES.....eeiiiiicie et 26
2.3. 1 GROMEIIY ..ttt et 26
2.3.2  EntranCe/EXit CONGITIONS .......ccevveiiiiiiicisieieee s 27
2.3.3  SUIface BOUNUAIY.......cccccveiuiiiiiieeiie et 28
2.3.4  SUIface ROUGNNESS ........oiviiiiiiiiieiieie e 29
2.3.5  Axial Wall Conduction/Conjugate Heat Transfer...........c.ccccoevviernenn. 29
2.3.6  Viscous dissipation/Fluid properties...........ccoceverereneneniniesnsieenienen 31
2.3.7  Measurement UNCErtaiNties..........coovuererieinierieise e 32

2.4  Literature Review Summary and Research Justification..............c..cccccoeu.e. 32

3. Analytical INVESTIGAtION .........c.oiiiiiiiiiiee e 34

3.1 BaCKQrOUNG ....c.ooviiiiiiie e 34
311 CONVENTION ..ottt bbb 34

3.2 Thermal analysis between channels (y direction)..........cccccoeeveieiiiiieiiiennn, 35
321  FINEFfICIENCY (F) wioviieie e 36
3.2.2  Collector Efficiency FacCtor (F)....ccccevveiiieiiieiie e 38

3.3 Thermal analysis in the flow (X) direCtion.........cccccevereniienininicecee, 40
3.3.1  Effects of design/operating parameters...........cccceverenerenesieseniensennnn 47

3.3 L1 FIOW FAEE . 47
3.3.1.2  Heat Transfer COeffiCIeNt ..., 48
3.3.1.3  Axial Thermal conducCtion ............ccoceiiriiiniiiieieeeee e, 49



3.3.2  The Heat Removal Factor (FR) ....cccooerierinienieeniesie e 52

3.3.3  The FIOW FACIOr (F7) cueeiieieiiesieee ettt 54

K S 111 1 010 -1 Y PSP PR PP 55
4. Experimental Setup and Data ACQUISITION..........cccvevveiieeie i 57
4.1 BaCKQrOUNG .......coviiieiiee et 57
4.2  Heated SANAWICK ........oiiiiiiiiiee e 58
4.2.1  DESCIIPHION .ottt 58
4.2.2  Design CONSIAEIAtIONS .......cveverierieriiiiisiesee e 64
4.2.2.1  Clamping Force to withstand pressure of liquid................cc.c....... 64
4.2.2.2  Deflection and thermal expansion of Slabs and Plates.................. 66
4.2.2.3  Thermal Resistance at Plate — Top slab interface..............cccc....... 67
4,224  HEALIOSS....c.eieiiiieie e 70
4225  Temperature differenCes ........cccoooveiiiiniiiinieeee e, 73
4.2.3  Data REAUCLION ..ot 74
4.2.3.1  Mean plate temperature ..........ccccceeveieereiie i 75
4.2.3.2  Mean fluid teMPErature.........ccccuveieeiieeiie s 75
4.2.3.3  HEALTIUX oo 75
4.2.34  SUIMACE ATBA ...cviiiiiiiiii e 76
4.2.3.5  Heat transfer COeffiCIeNt.........ccoocoveiiiiiiiie e, 76
4.2.3.6  Pumping power per COllector area..........cccccvevvevieeieeiiveesee e 76
4.2.3.7  FriCtion FACION.......cciiiiiiiiiiecce e 76



4.3  Counter Flow Heat EXChanger .........cccoviiiiiiiiiieeec e 77

4.3.1  DESCIIPHION .ottt 77
4.3.2  Datad REAUCLION........coiiiiiiciiires e 81
4.3.2.1  Mean Slab tempPerature ..........cceeeeeeieeriesie e 81
4.3.2.2  Mean fluid temperature...........ccocceevveiieiesiie e 82
4.3.2.3  Log mean Temperature difference.........ccccooeveneninenininieiee, 82
4,324  HEALTIUX oo 82
4.3.2.5  SUIMACE ATBA ...cviiiiiiiiiieiieee e 83
4.3.2.6  Heat transfer COeffiCIeNt...........cooeiiiiieiciie e 83
4.3.2.7  Pumping power per COlleCtor area ............ccvvveverieieeiesie e 83

4.4 Measuring Instruments and EQUIPMENT..........ccooeiiieiinineneeseeeeeee, 84
441  THEIMOCOUPIES ..ottt 84
4411  CaliDration .......ccooooiiiiiiiiiieee e 84
4.4.2  Resistance Temperature Detectors (RTDS)......ccccceveveeieevieiiesieennene 86
443  Coriolis Mass FIOWMELET ..o 87
4.4.4  Differential pressure tranSAUCEN ..........ccoveiiveiieiieesie e 89
445  National Instrument data acquiSItion SYSteM ...........ccccevveriririeninriennn. 89
446  Circulating Bath ..........ccooviiiiiiiie e 90
4.4.7  Statistical ANAIYSIS ......coeiiiiiiieiee e 91
4.4.8  UNCEMAINTY ....oooiiiiiie ettt 93
A5 SUMMAIY .ottt ettt ettt e ettt e et e e be e s b e e sbeeasneesbeeanbeesreeannee e 9



NUMEFICAl ANAIYSIS. ... 95

5.1 BaCKGrOUNG ......ocoiiiiiiiii e 95
52 ANSYSCFX -Overview and Validation ...........cccccoereininnneinince, 96
521  Heated Sandwich Validation............cc.ccoceoiiieiiiiiiiceesee 98
5.2.1.1  GeomMetry Creation........cccceceeivevieiieseeie e se e e e sre e 98
5,212 IMESN ..o s 99
5.2.1.3  Domain and boundary conditions............cccccererirenienininniienienes 102
5,214 SOIULION ..ottt 106
5.2.1.5  Comparing numerical and experimental results ......................... 108

5.3 SUMMAIY L.oiiiiiiie ittt b e e et e e e nbee e s 109
RESUILS. ..ttt 110
6.1  EXperimental reSUIS .........cccoiiiiiiiie e 110
6.1.1  Heated SandWICN........cccooiiiiiic e 110
6.1.1.1  AlUMINIumM BaSe .......ccooiiiiiiiiieie e 110
6.1.1.2  PTFE and Perspex slabs........c.ccccoveiiiiiiiiiiciece e, 113
6.1.2  Counter Flow heat eXChanger ........cccccoviviiiieiiiese e 115
6.2 NUumerical RESUILS .........cooiiiiiiiiiee e 118
6.2.1  Heated Sandwich SIMUIAtioN ..........ccocoiiiiiiiiiie e, 118
6.2.2  Simplified MOdel ..., 121
6.3  Comparing RESUILS ........ccviiiiieiie e 122
6.3.1  Analytical and experimental resultS...........cccooeieiiiiinnniee, 122

Vi



6.3.2  Simulation and experimental reSults...........cccccooeieiiiiiiiiiicee, 124

6.3.3  Analytical and simulated results ...........cccoorieiiiinniee, 125

6.4 SUMMAIY .ooiiiiiieiitiie ettt et bb e et e e nnnes 126
7. Investigating Geometrical Parameters..........cccoovevveve e i 127
% A = 7 Yo 1 | (01U Vo SRS 127
7.2 ASPECE RAIO ..o 127
T.2.1  TREOIY oo 128
7.2.2  Thermal Performance.........ccooeiiiiieieiiiieeseee e, 130
7.2.3  Hydraulic Performance .........cccccevveiiiiie i 134
7.24  Thermo-Hydraulic Performance ..........cccocovviieiieii s, 137

7.3 SUrface ROUGNNESS ......c.ooviiiiiiiiieee e 138
T4 MANITOI ..o e 142
7.5 SUMMATY oot 146
8. Investigating Scaling EffectS .........ccooviiiiiciicee e 147
8.1  BaCKQrOUNM ......ccveeiiiiieieee ettt 147
8.2  ENLranCe effeCtS .......ccooiiiiiiiiiiiee 147
8.3 VISCOUS TISSIPALION ....couvieiiiiiiiiiiiieiee ettt 151
8.4  Conjugate Heat Transfer ... 153
8.5  Measurement UNCErtaiNtieS..........ccovveiereriererinineeee e 161
8.6 Heat Transfer Correlation............cccceoeiiiiiiiiiiicce e 164
8.7 SUMMENY ..ottt e et et e b e e sae e et e e sbeeannee e 166

vii



9. Conclusion and ReCOMMENAALIONS........uueeeeee e

0.1 CONCIUSTON ...

0.2  RECOMMENUALIONS .. ..ottt e e e e e e e e e e e e e e e e e e e neeeens

References

viii



Table 2.1:

Table 4.1:

Table 4.2:

Table 4.3:

Table 4.4:

Table 4.5;

Table 4.6:

Table 4.7:

Table 4.8:

Table 4.9:

Table 5.1:

Table 7.1:

Table 7.2:

List of Tables

Summary of Previous STUAIES........cc.oiiriiiiiiiiieee e 16
Geometric parameters of the channels...........ccoccooeiiiiiii 62
Deflection and expansion of SIabs ... 66
Thermal Resistance Details of Test rig Segments ..........ccccocvvriiininenen, 69
Statistical Analysis on thermocouple readings .10, :C «woerrerrerienrenienrenns 86
Details of RTD signal converter module ...........cccoeieiiiiniiiiiniien, 87
Details of circulating Bath ... 91
Properties Of TYFOCOK .......ccviieieieee e 91
Statistical parameters of measured INStrUMENt ...........cccccvevviieiiieneciineenn, 92
Uncertainties in MeaSUIEMENT..........cvivereerieriereeee e e eee e seeeee e, 94
Details of the mesh USed ..........cceveiiiiiii e, 101
Geometric parameters of the channels............cccooeiiic e, 130
ROUGNNESS PArAMELELS. ....ocveeiiiic e 140



List of Figures

Figure 1.1: Schematic of micro-channel plate ... 7
Figure 3.1: Description of micro-channel plate directions..............ccocoovvniiiiiennenn 34
Figure 3.2: Micro-channel plate dimensions...........cccoviiiiiinieiene e 35
Figure 3.3: Dimensions on a single micro-channel............cccccooeieiineniiice 36
Figure 3.4: Fin efficiency versus fin [ength ... 38
Figure 3.5: Collector efficiency factor versus heat transfer coefficient..................... 39
Figure 3.6: (a) Elemental volume of plate ... 40
Figure 3.7: Temperature profile of fluid and metal plate at various flow rates.......... 48

Figure 3.8: Temperature profile of fluid and metal plate at various heat transfer
COBTTICTBINTS ... ettt 49
Figure 3.9: Temperature profile of fluid and metal plate at various rates of axial
thermal CONAUCTIVILY .........cooiiieiicce et 50

Figure 3.10: Temperature profile of fluid and metal plate for the upper extreme case

CASES . tteeutee ettt et e e ekt e e bt et e ekt ekt e e ke e R b e E e e R R e oA Rt e AR £ e R e e RR e e R £ e eR Rt e Re e R e e e bt e nRe e e beenbneenne e e 52
Figure 3.13: Heat removal factor versus mass flow rate at different Uy.................... 53
Figure 3.14: Heat removal factor versus mass flow rate at different F'.................... 54
Figure 3.15: Collector flow factor versus collector capacitance rate................c........ 55
Figure 4.1: Cross section of test rig through outlet port ............ccccoovviiiiiiciec e, 58
Figure 4.2: Longitudinal 3D section of teSt rig.........cccevvvvivieiiiiiic e 59
Figure 4.3: Transverse 3D Section Of teSt Mg ........ccovvrierieiinie e 59



Figure 4.4: (a) Inner face of Test Rig (b) Thermocouple arrangement on plate......... 61
Figure 4.5: Schematic showing thermocouple PoSItioNS............ccceeereriiinieiieniienenn 62
Figure 4.6 : Picture showing some of the plates ..........ccocvvviieieicineee 63
Figure 4.7: schematic of experimental SEtUP. .........cocoeiiriiiiiiiciee e 63
Figure 4.8: Actual experimental SEtUP .........cooveiiiiiiiiiiiie e 64
Figure 4.9: Isometric view of test rig showing fasteners ...........ccccoeveviiniiiiienenn 65
Figure 4.10: Engineering Drawing of the TeSt Rig.........ccoovriivieieiiieniieseeeeeeees 67
Figure 4.11: Schematic of thermal resistances in the test rig..........ccocevvvvvvrvivnieenenn 68

Figure 4.12

: (a) Distortion of grease layer (b) Procedure for measuring the sandwich

.................................................................................................................................... 70
Figure 4.13: Heat loss at different (a) temperatures (b) input power.............cccceeueee. 72
Figure 4.14: Temperature gradient aCross teSt Mg.........c.cvvrereererereniseseseeeeees 74
Figure 4.15: Cross section of counter flow heat exchanger ............cccocveviiincnnnn, 78
Figure 4.16: Inner faces of SIabs ... 78
Figure 4.17: Thermocouple arrangement on slab ...........ccocviiiiniiiie 79
Figure 4.18: Schematic showing position of thermocouples ...........c.ccocovnviininenenn. 79
Figure 4.19: schematic of counter flow heat exchanger ...........cc.coceovineiiinncnnnn, 80
Figure 4.20: The counter flow heat exchanger test rig (a) side view (b) end view....80
Figure 4.21: Micro — channel plate for counter — flow heat exchanger ..................... 81
Figure 4.22: (a) Thermocouples in bath (b) Calibration Kit...........ccccoociiniiiininnnnn 85
Figure 4.23: Thermocouple reading (a) before and (b) after calibration ................... 86
Figure 4.24: RTD signal converter module ... 87
Figure 4.25: verifying accuracy of Coriolis mass flow meter...........cc.ccocvvvvvninnnnn 88
Figure 4.26: Mass flowmeter readings after calibration ...............ccccccovviiiiincnnnn, 88

Xi



Figure 4.27: (a) Differential Pressure transducer (b) Pressure drop readings after
(07211 o] 721 [0 o OO STRTPRPRRR 89
Figure 4.28: (a) SCXI-1102 Voltage input module (b) SCXI-1303 Terminal Block 90
Figure 5.1: (a) Heated sandwich geometry (b) Fluid domain............cccocevvneieennenn. 99

Figure 5.2: Temperature in flow direction at different number of nodes (a) Plate (b)

FIUID ettt sttt 101
Figure 5.3: A magnified view of the Mesh..........cccoooiiiiiiii e, 101
Figure 5.4: The bottom s1ab domain ..........ccceeveiiiiiiici e 103
Figure 5.5: The fluid dOmain ... 105
Figure 5.6: The fluid-solid INtErface ..........cccooeiiiiiii e 106
Figure 5.7: Plate temperature at the plate fluid interface...........cccoooniiiiiiicien, 108
Figure 5.8: Comparing experimental and numerical results.............ccoovcvriviininenn, 109
Figure 6.1: Measured temperature distribution in metal plate ...........c.ccocovvieenn, 110
Figure 6.2: Heat transfer coefficient versus fluid veloCity...........cc.ccocvviriniiiinienn, 111
Figure 6.3: Nusselt number versus Peclet NUMDEr ...........cccoviiiiniienieeeees 111
Figure 6.4: Pressure drop versus fluid VElOCItY............ccooviiiiiiiniiiie 112
Figure 6.5: Friction factor versus Reynolds nuUmber............cccooeieiiieiiiiniiicen, 113
Figure 6.6: Nusselt number versus Peclet nUMDEr............ccooiiiiiniieiiiee, 113
Figure 6.7: Pressure drop versus fluid VElOCItY..........ccccoovviiiiiiiic e 114
Figure 6.8: Friction factor versus Reynolds nUMber ..., 114
Figure 6.9: Temperature profile on slabs (a) Thin = 80°C (b) Thin =60°C................. 116

Figure 6.10: Heat transfer coefficient versus fluid velocity (a) Tyfocor (b) Water.116

Figure 6.11: Nusselt number versus Reynolds number (a) Tyfocor (b) Water........ 116
Figure 6.12: Pressure drop versus fluid velocity (a) Tyfocor (b) Water.................. 117
Figure 6.13: Friction factor versus Reynolds number (a) Tyfocor (b) Water........... 117

Xii



Figure 6.14: Plate temperature at the plate-fluid interface............c.ccoooiiniiieien, 118
Figure 6.15: Longitudinal fluid temperature profile for 3 channels......................... 119
Figure 6.16: Transverse fluid temperature profile at different lengths .................... 119
Figure 6.17: Longitudinal velocity profile for 3 channels ............c.ccocoiiiiien, 120
Figure 6.18: Velocity contours at (a) Inlet manifold (b) Middle of channels (c) Outlet
MANTTOI .. 121
Figure 6.19: CFD QEOMELIY .....ccoiuiiiiiiiiiisiieiieieie ettt 122
Figure 6.20: Comparing analytic and experimental results (Re=10, T;,=20.5 °C) ..123
Figure 6.21: Comparing analytic and experimental results (Re=54, Ti,=59 °C) .....123
Figure 6.22: Comparing analytic and experimental results (Re=100, T;,=40 °C)...124
Figure 6.23: Comparing experimental and simulated results..............c.ccocovvvieenn, 125
Figure 6.24: Comparing analytical and simulated results............cccccocvviiiniiiniennn, 126

Figure 7.1: (a) H1 and H2 Nusselt numbers versus Aspect ratio (Shah and London,

1978, Dharaiya and Kandlikar, 2011) (b) Predicted heat transfer coefficient 130

Figure 7.2: (a) Heat transfer coefficient versus fluid velocity (b) Nusselt number
VersuS ReYNOIAS NUMDET ........ooiiiiiiiiee e
Figure 7.3: Comparing experimental results with theory (a) Ti, = 5°C (b) Ti, =20°C
Figure 7.4: Comparing results with correlations (a) Ti, =5°C (b) Ti, = 20°C.........
Figure 7.5: (a) Pressure drop versus fluid velocity (b) Poiseuille number versus
Reynolds number

Figure 7.6: (a) Friction factor versus Reynolds number (b) Pumping power versus

FIUI VEIOCITY .. 137
Figure 7.7 (a) Pump power vs Heat transfer coefficient ...........ccocooveiiiinnicienn, 138
Figure 7.8: Etched and Machined channel plates.............cccooevviieiieniece e 139

Xiii



Figure 7.9: Surface finish on channel walls (a) Etched (b) Machined..................... 139

Figure 7.10: Comparing machined and etched channels ...........ccccccoovniniiicienn, 141
Figure 7.11: Pressure drop and friction factor .............ccocvoeiiiiienc i 141
Figure 7.12: Plate temperature at the plate fluid interface...........cccccooviiniiieienn, 143
Figure 7.13: Temperature profile transversely..........ccccoiiiiiiinine e 143
Figure 7.14: Pressure distribution in the channels ...........cccoovviiiencicncee 144
Figure 7.15: Velocity distribution in channels.............ccooiiiiiiiinceeee, 144
Figure 7.16: Mass flow rate in 3 channels ..., 145
Figure 7.17: Temperature in manifold (a) inlet (b) outlet..........ccooooiiiiiiiiiiiien, 145
Figure 8.1: Profile of ATy along the plate (a)Tin = 5°C (b) Tin = 20°C................... 149

Figure 8.2: Local Nusselt number along the plate (a)Ti, = 5°C (b) Ti, = 20°C......149

Figure 8.3: Nusselt number vs Graetz number at various fluid temperatures.......... 150
Figure 8.4: Transverse velocity profile at (a) entry (b) eXit.......cccocevceiiniiiiiiieienn, 151
Figure 8.5: Horizontal velocity profile at different locations .............c.ccocvovvienennn, 151

Figure 8.6: Brinkman number vs Nusselt number at various fluid temperatures ....153
Figure 8.7: Nusselt number vs axial conduction NUMDEr.............ccoeovreviiiinenne, 155
Figure 8.8: Profile of AT at two eXtreme Cases ..........ccoccovvvriiiiciisiiescn e, 156

Figure 8.9: Nusselt number vs axial conduction number in Counter flow heat

BXCNANGET <. 157
Figure 8.10: Simulated fluid and plate temperature profile...........ccocooevvniiinienn, 158
Figure 8.11: Temperature profile at channel walls ............cccccooeiiiiiiiiiiiien, 159
Figure 8.12: Heat flux profile at channel walls. .............ccoooiiiiiii, 160
Figure 8.13: Comparing analytical and simulated results............cccccocivniiniiinienn, 161
Figure 8.14: Corrected Nusselt numbers versus Peclet numbers...........c.ccocvvennne, 162
Figure 8.15: Corrected local NUSSelt NUMDENS.........cccoviieiieieee e 163

Xiv



Figure 8.16: Corrected Nusselt number vs axial conduction number ...................... 163

Figure 8.17: Friction factor versus Reynolds number...........ccccoeiiiiniiiiiicien, 164
Figure 8.18: Heat transfer Coefficient versus Peclet number .............cccoceviiienn, 164
Figure 8.19: Heat transfer correlation ............ccooveviieii e 165

XV



Acknowledgements
I would like to express my sincere gratitude to my supervisor, Dr Stan Shire, for his
continuous support, inspiration and the immense knowledge imparted throughout my
PhD study - I could not have asked for anyone better. My deep appreciation also
goes to Dr Roger Moss for his help, advice and critique. Also, to all members of staff
of the Sustainable Thermal Energy Technology Research Group for the invaluable
insight and help in designing and troubleshooting experiments; Prof Bob Critoph, Dr
Zacharie Tamainot-Telto, Dr Roger Thorpe and Dr Steve Metcalf. Special thanks to
Dr Layi Alatise for his advice and motivation. A big thank you to the technicians, for

fabricating various test rigs.

| am greatly indebted to my family; my Parents for the huge financial
sacrifice/investment made towards this degree, words cannot express my gratitude.
Dr Arinola Adefila, for her immense contribution — it is very much appreciated.

Other family members and friends, too numerous to mention, | am deeply grateful.

To my darling wife, Dami - Adeemama, thank you for your understanding, patience,
support and inspiration. You are simply the best. Above all, | am grateful to God

almighty for the grace, strength, wisdom and good health to complete this degree.

XVi



Declaration
| declare that the work in this thesis has been composed by me and no portion of the
work has been submitted in support of an application for another degree or
qualification of this or any other university or other institute of learning. The work
has been my own except where indicated and all quotations have been distinguished

by quotations marks and the sources of information have been acknowledged.

Parts of this thesis have been published by the author. These publications are listed

in the next section.

XVii



Contributions to Knowledge

Peer Reviewed Journal Papers

1. Oyinlola, M.A., Shire, G.S.F. and Moss, R. W. (2015) "Thermal analysis of a
solar collector absorber plate with microchannels,” Experimental Thermal
and Fluid Science, 67, 102-109.

2. Oyinlola, M.A., Shire, G.S.F. and Moss, R. W. (2015) "Investigating the
Effects of Geometry in Solar Thermal Absorber Plates with Micro-Channels™
International journal of heat and mass transfer, 90, 552-560.

3. Qyinlola, M.A., Shire, G.S.F. and Moss, R. W. (2015) "The Significance of
Scaling Effects in a Solar Absorber Plate with Micro-Channels” Applied

Thermal Engineering, 90, 499-508

Peer Reviewed conference proceedings.

1. Oyinlola, M.A. and Shire, G.S.F. (2013) Investigating Heat transfer in
Absorber plates with mini channels, The 13th UK Heat Transfer Conference
(UKHTC), London, UK.

2. Oyinlola, M.A., Shire, G.S.F. and Moss, R. W. (2014) Analysis of
temperature distribution in absorber plates with microchannels.  The 5th
international conference on Heat Transfer and Fluid Flow in Microscale
(HTFFM V) , Marseille, France.

3. Oyinlola, M.A., Shire, G.S.F. , Moss, R. W. and Khaliji Oskouei, M (2014)
Investigating the effects of channel aspect ratio on fluid flow and heat
transfer in absorber plates with minichannels  The 10th International
Conference on Heat Transfer, Fluid Mechanics and Thermodynamics

(HEFAT2014), Orlando, USA.

XViii



Accepted conference papers and posters(unpublished)

1. Oyinlola, M.A. and Shire, G.S.F. (2013) Optimising heat transfer and fluid
flow in compact solar collectors, UK Energy Research Centre ( UKERC)
PhD summer school, Coventry, UK [Poster presentation]

2. Oyinlola, M.A., Shire, G.S.F. and Moss, R. W. (2014) Investigating heat
transfer in compact absorber plates manufactured by different techniques.
The 15™ International Heat Transfer Conference (IHTC15), Kyoto, Japan.

[Full paper accepted for presentation (Peer Reviewed)].

Xix



Abstract

Analytical, computational and experimental studies were carried out to investigate
heat transfer and fluid flow in micro-channel absorber plates for compact (thin and
light-weight) solar thermal collectors. The main objective of the work was to study
different design and/or operating scenarios as well as study the significance of
various micro-scaling effects.

Analytical investigation showed that, under similar conditions, the proposed design
yields a much higher fin efficiency, F and collector efficiency factor, F’ compared
with the conventional solar collector design. An analytical model combining
convective heat transfer in the collector fluid with axial conduction in the metal plate
was developed. The predicted plate temperature profiles from the analytical model
were in close agreement with the measured profiles. The model further showed that
axial thermal conduction can significantly alter the plate temperature profile.
Experiments were designed to represent real life operation of the proposed system.
A CFD study, using the same design and operating parameters, produced results
comparable with experiments. This numerical simulation also gave further insight
into the heat transfer and fluid flow patterns in the micro-channel plate.

The effect of channel cross section geometry was studied. The Nusselt number was
observed to increase as the aspect ratio approached unity. Measured friction factors
were similar in trend to the predictions for rectangular channels, although the overall
rise in fluid temperature resulted in slightly lower friction factors. Thermal
performance reduced slightly with increase in hydraulic diameter.

The significance of various scaling effects was also investigated experimentally and
numerically. Most of the typical scaling effects such as viscous dissipation and
entrance effects were found to be insignificant however, conjugate heat transfer,
surface boundary condition, surface finish and measurement uncertainties could be
significant. The results showed a Reynolds number dependent Nusselt number which
has been attributed to axial thermal conduction.

It was also observed that only three walls were transferring heat; the walls of heat
transfer had a uniform peripheral temperature while the heat flux varied peripherally.
The closest simplified thermal boundary condition to represent heat transfer in these
channels is the H1 with three (3) walls transferring heat. Increased surface roughness
(obtained by using an etching technique to create the channels) was found to have a
detrimental effect on heat transfer.

The results showed that thermal improvement can be achieved by increasing the
fluid velocity; however, pumping the thermal fluid above a pump power per plate
area of 0.3 W/m? resulted in marginal improvement. In practice, optimum micro-
channel geometry in plates should be sized based on fluid properties and operating
conditions. The micro-channels should also have thin walls to minimise the effects
of conjugate heat transfer. A Photovoltaic pump should be installed alongside the
collector in order to provide pumping power required and minimise the overall fluid
temperature rise. The results are beneficial for the design of micro-channel absorber
plates for low heat flux operation up to 1000W/m>.
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1. Introduction

1.1 Background

Energy is a vital element in any society; it improves opportunities for access to basic
amenities and life’s necessities such as water, food and clothing. Sadly, it is common
knowledge that more than two billion of the world’s population (the majority of
whom live in rural areas) have no access to efficient energy supply. Technological
and economic advancement have also resulted in additional drains on current energy
supplies. On the other hand, environmental concerns, rising energy prices as well as
government incentives are creating opportunities for renewable sources to meet the

growing energy demand.

Buildings account for the bulk of the energy demand (Eicker, 2003); according to the
United Nations Environment Programme (UNEP) “Buildings use about 40% of
global energy ... Yet, buildings also offer the greatest potential for achieving
significant GHG emission reductions, at least cost, in developed and developing
countries” (UNEP, 2014). These highlight the need for more research and
development on technologies that promote the uptake of renewable energy in
buildings. Current renewable systems used in buildings include conventional
photovoltaic (PV) arrays, building integrated PV (BIPV), biomass systems,
evacuated tube collectors and flat plate solar collectors (FPC). This research focuses
on the absorber plate of a novel FPC design which presents opportunities for

building integration.

1.1.1 Flat Plate Collectors

FPCs are the most used solar collecting devices (Kalogirou, 2003). In their standard

form, they consist of a metal absorber plate in an enclosure with a transparent top



and well insulated sides and bottom; a working fluid flows below or on top of the
absorber. Solar radiation passes through the transparent cover to the absorber plate
which absorbs and transfers the bulk of the energy to the working fluid. Standard
FPCs are cost-efficient, robust and effective even with diffuse solar irradiation. FPCs
are typically permanently fixed in position and require no tracking of the sun, they
are usually oriented directly towards the equator, facing south in the northern
hemisphere and north in the southern. In the last century, the use of these systems
has evolved from primitive uses such as drying agricultural products, to more
advanced uses such as producing steam and process heat. These improvements are
results of the numerous studies done to improve energy gain and reduce thermal
losses. A summary of the various approaches undertaken are grouped and discussed

below.

1.1.1.1 Geometry

Performance enhancements have been achieved by innovatively manipulating the
geometry; a detailed energy and exergy analysis was done by Farahat et al. (2009)
who varied different geometrical parameters while a review of different artificial
roughness elements used to enhance the heat transfer coefficient was presented by
Kumar et al. (2012). Kundu (2002) did a detailed comparative study on absorber
plates of different geometry and the effect of plate aspect ratio was theoretically
studied by Yeh et al. (2003). Badescu (2006) and Tiris et al. (1995) are some who
have investigated optimising fin geometry. Also, the effect of spacing between riser
tubes has been studied by many including Bello and Sambo (1992) and Ghamari

and Worth (1992).



Innovative ways of improving the heat transferred to the working fluid have been
proposed; Matrawy and Farkas (1997) compared parallel and serpentine tube
arrangements in conventional sheet and tube absorber plates, Rommel and Moock
(1997) analytically studied absorber plates with rectangular fluid ducts and Alvarez
et al. (2010) investigated absorber plates having surface contact with the working
fluid. Dovi¢ and Andrassy (2012) proposed two designs of collector without tubes,
parallel flat and corrugated absorber plates of chevron type, as a method of
improving performance. Del Col et al. (2013) found FPCs with roll-bond absorber
plates (channels for the liquid are integrated in the absorber plates) to provide
higher performance compared with conventional FPCs. Shariah et al. (1999)
numerically investigated the effect of thermal conductivity of the absorber plate on

the overall performance.

1.1.1.2 Working Fluid

The working fluid plays an important role in the performance of FPCs. various
approaches have been adopted in maximising performance with emphasis on the
working fluid. Chun et al. (2009) studied the effect of the working fluid on the
performance of solar energy systems in buildings while Rayegan and Tao (2011) did
a comprehensive study on working fluids and proposed a procedure for the selection
of working fluids for solar organic Rankine cycles (ORC). They suggested 11 fluids
for use in solar ORCs based on the category of solar collectors. Similar to this, is the
work of Tchanche et al. (2009), who performed a study on fluid selection for a low
temperature Solar ORC. The use of nano — fluids in FPCs has been proposed by

many including Yousefi et al. (2012) and Said et al. (2014).



Phase change in flows has also been used to improve performance, for example
Ordaz-Flores et al. (2012) used acetone and methanol as working fluids for a two
phase flat plate solar system. Comparisons with the conventional systems showed
that the phase change systems exhibits slightly lower performance, however, they
offer advantages of no freezing, corrosion, scaling, fouling, nor blocking of the

tubing, that improve the lifetime of the system.

Similar to this is the integration of heat pipes where the absorber is the evaporator.
Azad (2012) performed a comparative study on 3 different types of heat pipe solar
collectors and concluded that they all performed satisfactorily. Other researchers
who have studied heat pipe solar collectors include Mathioulakis and Belessiotis

(2002), Tanak et al. (2005), Hussein et al. (2006) and Zhao et al. (2010).

1.1.1.3 Minimising losses

Evacuated solar collectors utilise the technology of vacuum insulation in eliminating
convection losses and also have the potential of supressing gas conduction
(depending on the pressure). This is the crux of evacuated tube solar collectors, and
application of vacuum glazing to FPCs is increasingly becoming popular. Eaton and
Blum (1975) studied the effect of evacuating FPCs, they found that at a pressure of
1-25 torr (100-3000 Pa), natural convection heat loss from the absorber was
eliminated for absorber-to-cover spacing’s up to 15 cm. They noted that absorbers
with selective surfaces had a more reduced heat loss, however, upward losses from
collector were as a result of gas conduction. Beikircher et al. (1995) studied the gas
heat conduction in an evacuated flat plate collector (EFPC) for a pressure range of
10 to 10* Pa. They reported that at 0.1Pa, heat conduction in air was completely

suppressed. Benz and Beikircher (1999) developed an EFPC for steam production,
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their study, investigated the effects of filling the envelope with other gasses on
thermal losses. They noted that the reduction of the gas heat conduction with
comparison to air is 32% for argon, 40% for SF6, 62% for krypton and even 77% for
xenon. However, based on an economic and technical analysis, they suggested that
Krypton was the best suited gas for filling. Vestlund et al. (2012) and Vestlund et al.
(2009) studied the thermal and mechanical performance of filling the collector with
an inert gas at normal pressures. Their results show that this could reduce overall

heat losses by up to 20%.

Absorber plates with selective surfaces, commonly called selective absorbers, have
been researched and developed to further improve collector performance. Selective
surfaces have high absorptance for the solar spectrum range (0.2-2.5 um) thereby
maximising the absorbed solar energy. They also have a low emittance for higher
spectrum range ( >2.0 um) therefore losses are minimised. Some of the studies on
selective surfaces include Correa et al. (2014), Davoine et al. (2013) and Tharamani
and Mayanna (2007). The use of anti-reflective coatings is another method that has
been adopted to minimise losses. Some scholars who have studied this approach

include Chen et al. (2011), Nielsen et al. (2014) and Barshilia et al. (2012).

Aerogels have been used as a transparent insulation to minimise heat loss.
Researchers who have studied these include Dowson et al. (2012), Svendsen (1992)

and Nordgaard and Beckman (1992) .

1.1.1.4 Building Integration

Developers have for long been working towards the integration of FPCs into

building components. In a bid to make FPCs aesthetically acceptable with respect to



architectural designs, Tripanagnostopoulos et al. (2000) investigated FPCs with
coloured (black, blue and red brown) absorbers; they recorded high thermal losses in
the unglazed collectors but used flat booster reflectors to increase the radiation
falling on the collectors. Juanicé (2008) presented a new design of a roof-integrated
water solar collector. Matuska and Sourek (2006) compared the thermal behaviour of
facade collectors with standard roof mounted collectors and concluded that fagade
collectors should have approximately 30% greater area than similar standard FPC in
order to have comparable performance. They noted that facade collectors also affect
the indoor comfort of buildings by limiting the increase in temperature to no more
than 1 °C in all their investigated configurations. A low cost solar water heating
system using cement concrete was studied by Chaurasia (2000); the system produced
water which varied from 36 °C to 58 °C. A comprehensive review of various

approaches to building integration of solar systems is presented by Hestnes (1999).

1.1.2 Compact Flat Plate Collectors — The game changer

At present, The University of Warwick, together with Loughborough University and
University of Ulster are developing a compact (thin and light-weight) evacuated flat
plate collector (CFPC) which combines the benefits of evacuated tube collectors
with that of flat plate collectors. This collector design will be an architecturally
attractive option for incorporation in buildings as an alternative to conventional flat
panel or evacuated tube collectors. It will also be a landmark achievement in

building integrated FPCs.

This thesis presents research focused on investigating the thermal and hydraulic
performance of the absorber plates for this collector design. The proposed absorber

plates will have metal sheets with micro-channels (hydraulic diameter less than 3
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mm) replace the conventional FPC arrangement of tubes bonded to a metal sheet. A
schematic of the micro-channel plate is shown in Figure 1.1. In addition to
achieving the compact size, plates of this design offer the added advantage of
enhanced convective heat transfer (based on the premise that the heat transfer
coefficient is inversely proportional to the channel’s hydraulic diameter), uniform
temperature distribution in the transverse direction and eliminates the bond

resistance between the tubes and sheet in conventional FPC design.

- I
e L : :: ——  Channel
b ! I /
& I S— e . )
<« I «+—— Micro-Channel plate
o
-+ | Cover Plate

Figure 1.1: Schematic of micro-channel plate

As can be observed from the brief overview of studies focused on FPCs presented,
the majority of the studies on FPC absorber plates have focused on conventional
collector design with tubes bonded to a sheet. Currently, there is limited published
work on the micro-channel absorber plate design. Some of the few researchers who
have published work on application of micro-channels in solar collectors include
Khamis Mansour (2013); who looked at flat plate rectangular channelled absorber
plate, Sharma and Diaz (2011) who investigated mini-channel application in
evacuated tubes and Deng et al. (2013) who studied a novel FPC with micro-

channel heat pipe array.

Though heat transfer and fluid flow in micro-channels has been extensively studied

over the past 3 decades, this was largely in the context of micro-electronic



components. Also, a wide dispersion in the results obtained in this field can be
observed from the literature, which has been attributed to scaling effects. An
additional peculiarity of this design is the thermal boundary condition that will exist
on the channel walls. Therefore, a detailed study is required to understand the

thermal and hydraulic behaviour of these channels.

1.2 Aim and Objectives
The aim of the current research is to investigate and optimise the performance of the
absorber plates for the proposed compact flat plate collector. Accurately
understanding the thermal and hydraulic behaviour has implications for the design
and operation of the proposed system. The main objectives of the current research

can be summarised as follows

e To compare performance of this design to predictions of conventional theory.

e To study the significance of the various scaling effects on the absorber plate
performance.

e To study the effects of channel design on performance.

e To propose optimal channel design and corresponding operating condition
for this system.

e To propose accurate methods of predicting collector performance.

To achieve these, analytical, experimental, and numerical analyses were carried out

to investigate the heat transfer and fluid flow in plates of this design.

1.3 Summary of the Thesis

Chapter 1 presents a background to the research as well as highlights the evolution

and state of art of flat plate collectors.



Chapter 2 presents a review of literature on heat transfer and fluid flow in micro-
channels. It reviews previous experimental and numerical studies on heat transfer
and fluid flow in micro-channels. This chapter compares and contrasts the different

methods and results obtained by several researchers.

Chapter 3 is an analytical study into the thermal and hydraulic performance of the
proposed plate design. Analytical models for predicting fluid and plate temperature
are derived here as well as parameters typically used for characterising FPCs such as
fin efficiency (F), collector efficiency factor (F), heat removal factor (Fgr) and flow
factor (£”). The chapter further uses the analytical models to investigate the effects

of varying design and operating parameters.

Chapter 4 describes how experiments were designed to measure the quantities
needed for estimating performance. It gives a detailed explanation of the
experimental facility used for all laboratory tests as well as discusses the various
components of the experimental apparatus, how they were calibrated and the various
design considerations. This chapter also presents details of data analysis including

the dimensionless parameters.

Chapter 5 presents details of the numerical studies done using the commercial CFD
package Ansys CFX. The governing equations, physics definition, geometry, mesh,
boundary conditions etc. are discussed in this chapter. It also presents results on the

validation of the software.

Chapter 6 presents and compares the results obtained from the analytical,

experimental and numerical analyses.



Chapter 7 draws from the numerical and experimental studies to investigate the
effect of the channel geometry on the thermal and hydraulic performance of the
absorber plate. The design parameters varied in this study include the channels’
aspect ratio, depth, width, pitch, length and surface finish of channel walls. The main
operating parameter varied here is the mass flow rate. To study these effects over a
range of thermo-physical properties, two (2) heat transfer fluids were used at

temperatures ranging from 5°C — 60°C.

Chapter 8 uses the results from the experimental and numerical studies to investigate
the micro-scaling effects on the thermal and hydraulic performance of the plates.
These scaling effects include entrance effects, conjugate heat transfer and viscous

dissipation.

Chapter 9 presents the main conclusions of this work. It also recommends further

study into compact solar thermal collectors.
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2. Literature Review

2.1 Background
Heat transfer and fluid flow in miniaturized (micro or mini) channels has been the
focus of many researchers since Tuckerman and Pease (1981) pioneered the study of
heat transfer in micro-channels over three decades ago. These studies were largely
in the context of micro-electronic components. In recent times however, due to
advantages of compact size and high heat sinking capabilities, the use of
miniaturized channels as heat sinks/ heat exchangers has been extended to other
fields such as automotive, chemical and food industries, environmental technology
and the aviation and space industries (Schubert et al., 2001). The definition by
Kandlikar and Grande (2003) which defines conventional channels as those having

hydraulic diameters above 3 mm is adopted in this study.

The theory and correlations of heat transfer and fluid flow in conventional sized
channels are well established; constant Nusselt number in the range 0.457 — 8.235,
with the exact value depending on boundary conditions and geometry, are expected
for fully developed laminar flow (Shah and London, 1978, Holman, 2010,
Wibulswas, 1966). Similarly in terms of friction factor, constant Poiseuille numbers
in the range 56.92 — 96.00 are expected. The results from the extensive studies on
heat transfer in miniaturized channels are still inconsistent. Reviews on experimental
and numerical studies of heat transfer in micro-channels published by Dixit and
Ghosh (2015), Asadi et al. (2014), Rosa et al. (2009), Mokrani et al. (2009), Hetsroni
et al. (2005b), and Sobhan and Garimella (2001) confirm the very large scatter in
published results. These reviews unanimously attribute the dispersion to “scaling
effects”, which result from neglecting phenomena that are insignificant in

conventional sized channels but become significant in micro-channel flow. Examples
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of these scaling effects include surface roughness (Qu et al., 2000), entrance and exit
effects (Lee et al., 2005, Rahimi and Mehryar, 2012), conjugate heat transfer
(Maranzana et al., 2004, Gamrat et al., 2005), thermal boundary conditions
(Dharaiya and Kandlikar, 2011), viscous dissipation (Morini, 2005), electric double
layer (Mala et al., 1997) and increased measurement uncertainties (Morini, 2004). It
should be noted that the constant Nusselt and Poiseuille number solutions are

obtained under some assumptions including

I.  Steady fully developed flow.
Il.  The thermo-physical properties of the fluid do not vary with the temperature.
[1l.  The fluid can be treated as a continuum medium.
IV.  Incompressible flow.
V. Idealised boundary conditions (constant wall temperature or constant wall
heat flux).
VI.  The heating due to viscous dissipation can be neglected.

VII.  Surface roughness has negligible effects in laminar flow.

Some of these assumptions are not valid at the micro scale level; this explains the
need to better understand the scaling effects. The design and operating conditions of
the flow channels can increase the influence of these scaling effects on overall
performance. Therefore, in order to optimise design and operation, it is necessary to
investigate the heat transfer and fluid flow in this design of absorber plates. This
chapter reviews previous studies on heat transfer and fluid flow in miniaturised

channels.
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2.2 Overview

Table 2.1 presents a summary of the research conducted in this field from 1981 to
2014. The geometry of channels studied, nature of study and a summary of their
results (relevant to this study) is presented. It can be observed that most of the
studies conducted between 1981 and 1999 were experimental or analytical while
more numerical simulations were conducted after 2000. It can also be observed that
various geometries (circular, rectangular, triangular, and trapezoidal), materials
(copper, aluminium, and silicon) and heat transfer fluids (water, refrigerants, air,
nano-fluids) have been used. These have all been done to improve performance of
micro-channel heat sinks. For example, different geometries have been used to
increase the area available for heat transfer and high thermal conductivity materials

have been used to improve heat sinking performance.

Table 2.1 shows that some studies have reported lower Nusselt numbers compared
with predictions for conventional sized channels. These include Choi et al. (1991),
Peng et al. (1994), Peng and Peterson (1996) and (Dixit and Ghosh, 2013). Most of
these studies have found the low Nusselt numbers to be Reynolds number dependent
unlike conventional channels where Nusselt number is constant for fully developed
flow. In fact, Nusselt number correlations for micro-channels, which are Reynolds
number dependent, have been proposed by Choi et al. (1991), Peng et al. (1994)
and Peng and Peterson (1996). Qu et al. (2000) reported lower Nusselt numbers
(1<Nu<?2) from their experimental study, however, their Nusselt numbers were Re-
independent. Gamrat et al. (2005) found a significant reduction in Nusselt number
when the hydraulic diameter was less than 1 mm. Celata et al. (2006) observed lower
Nusselt numbers than the theoretical value of 4.364 especially for flows at low
Reynolds numbers. Recently, Dixit and Ghosh (2013) studied low Reynolds
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numbers flow in mini-channels. They observed a linear variation of Nusselt number
with the Reynolds number and found it to closely match the prediction of Choi et al.
(1991). Others who have acknowledged low Nusselt numbers in their study include

Nonino et al. (2009) and Rahimi and Mehryar (2012).

Some researchers have observed higher Nusselt numbers, both in the laminar and
turbulent regime, compared with conventional theory. Wu and Little (1984) found
their experimentally measured Nusselt number to be higher than those for
conventional channels. A similar observation was made by Adams et al. (1998) who
performed experiments on single phase turbulent flow. Yu et al. (1995), Celata et al.
(2002) and Bucci et al. (2003) have also found the Nusselt number to exceed the

theoretical predictions for conventional channels.

Lee et al. (2005) found that that their experimental results disagreed with all of the
tested correlations but were well predicted by numerical simulations. This is because
the boundary conditions did not fit the requirements of correlations. They
recommended the use of numerical simulations with suitable boundary conditions,
instead of correlations, to predict the performance of heat sinks using microchannels.
Gamrat et al. (2005) observed experimental Nusselt numbers that were about 60%
less than the conventional value, however, their numerical results agreed with theory.
The friction coefficient was found to decrease drastically at low Reynolds number
by Toh et al. (2002). This was attributed to high fluid temperature which yielded

low viscosity.

Some studies have suggested that conventional predictions can accurately predict
heat transfer and fluid flow in micro-channels. Weisberg et al. (1992) performed a

two dimensional numerical analysis and found their results to agree (less than 20%
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error) well with the experimental results of Tuckerman (1984). Harms et al. (1999)
found the Nusselt number to be similar to conventional correlations. The slight
deviation in Nusselt number at low Reynolds number observed in their experimental
results was attributed to measurement errors. Qu and Mudawar (2002) numerically
and experimentally studied laminar flow in micro-channels and found their results to
agree well with theory. The experimental study by Owhaib and Palm (2004) found
the heat transfer results to be accurately predicted by conventional correlations. Lee
and Garimella (2006) numerically investigated heat transfer in thermally developing
flow in rectangular micro-channels of different aspect ratios under H1 (axially
constant wall heat flux and circumferentially constant wall temperature) thermal
boundary condition. Their proposed correlation was in good agreement with
conventional theory. Similarly, Dharaiya and Kandlikar (2011) numerically
investigated heat transfer in rectangular micro-channels under H2 (uniform wall heat
flux, axially and circumferentially) boundary condition. They proposed Nusselt
number correlations which agreed with conventional theory. Toh et al. (2002) also
compared the results of their 3D numerical simulation with the experimental results
of Tuckerman (1984) and found good agreement. Qu and Mudawar (2002) , Lelea et
al. (2004) and Tiselj et al. (2004) performed experimental and numerical studies, in

each case both studies agreed with conventional theory.

From the brief overview presented above as well as the summary presented in Table
2.1, it is clear that existing correlations can not be used to adequately describe the
heat transfer in miniaturised channels. The significance of the various scaling effects

have to be quantified and taken into account.
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Table 2.1: Summary of previous studies

Ref | Authors Sha | Dy Nature | Flow Type | HTF Material Heat General Outcome Correlation
pe | (um) (Re) flux
(KW/m?)
Boundary
1 Tuckerman and | R 89-95 Ex L Water Silicon 7900 Pioneered study on heat transfer in | -
Pease (1981) (730) CWH micro-channel heat transfer
2 Wu and Little | R 150- Ex LT Nitrogen | Glass CWH 1.3<Nu<4 Nu, = 0.0022Pr**Re'®
(1984) 160 (0-12000) Silicon For turbulent flow
3 Missaggia et al. | R 160 Ex L Water Silicon 5000 Studied heat sink capable of dissipating | -
(1989) (1650- CWH 500kW/m?
2350)
4 Choietal. (1991) | C 3-81 Ex LT Nitrogen | - - Higher Nu in turbulent regime Nug,,; =0.000972Re"*"*Pr®%
(20-25000) Nu is Re dependent For Laminar flow
5 Weisberg et al. | R 50 N L Water Silicon CWH Agreed with (Shah and London, 1978) | -
(1992) (<100) and (Tuckerman and Pease, 1981)
6 Pengetal. (1994) | R 300- Ex LT Water Stainless CWH Nu lower in laminar regime but higher NUeng eca — 0.038Re%%2pr03%
650 (50 -4000) steel in turbulent
7 Harley et al |R <35 Ex L Nitrogen | Silicon - Lower Po -
(1995) Tra A Helium
Argon
8 Peng and | R 133- Ex L, T Water Stainless CWH Developed correlation for Nu oo 062 o0sa | Dy )
Nu,,, = 0.1165a *"°Re®2Pro3| o
Peterson (1996) 367 (90-9000) steel e ( p j
9 Malaet al. (1997) | R 50-250 | A L Water - CWH EDL effects can reduce heat transfer | -
(132-2259) and fluid flow
10 | Adams et al. |C 760- Ex T Water Copper 3000 Higher Nu NU,4me = NUg, (L+F)
(1998) 1090 CWH Where F=CRe[l—(D/D0)2} C=76x10°
1
B (1.82log(Re)-1.64)"

16




11 | Tso and | R - A LT Water - - Br explains deviation -
Mahulikar (1998)
12 | Harms et al |R 400- Ex L, T Deionize | Silicon - slight Nu deviation at low Re, attributed | -
(1999) Tra | 1900 (173- d water to measurement errors
12900)
13 | Peterson (1999) Cc 0.2 N L Air - Conduction in micro-channel materials | -
can reduce performance
14 | Kim and Kim | R 0.1 A L Water Silicon CWH Identified aspect ratio and the effective | -
(1999) (730-836) thermal conductivity ratio as variables
of engineering importance
15 | Ravigururajan Ex L R124 30-90 h is 2-8 times higher -
and Drost (1999) (220-1250) CWH Pressure drop is 8-17 times higher
16 | Mala and Li|R 50-250 | A L Water - CWH Po increases with Re. -
(1999) (132-2259)
17 | Rahman (2000) R 300- Ex LT Water Silicon 100 Nu is Re dependent -
600 CWH
18 | Fedorov and | R <100 N L Water Silicon 1000 combined convection—conduction heat | -
Viskanta (2000) CWH transfer produces very complex three-
dimensional heat flow patterns
19 | Quetal. (2000) Tra | 62-169 | EXx L Deionize | Silicon CWH Experimental Nu is 2- 3 times lower N = Nu (um}
d Water than CFD prediction’ attributed to Qe
Surface roughness
20 | Tunc and | C - N L - - CWH Nu increases with Pr and reduces with | -
Bayazitoglu CWT Kn
(2001)
21 | Choi and Cho | R 6900- Ex LT Paraffin | Copper 100-400 | Enhancement factor (4/4P) at low | -
(2001) 25000 (3000- Water Silicon CWH aspect ratio but begins to decrease
15000) above aspect ratio of 0.2
22 | Tunc and | R - N LT - - CWH Nu increases as aspect ratio approaches | -
Bayazitoglu (H2) unity
(2002)
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23 | Qu and Mudawar | R 350 Ex L Deionize | Oxygen 1000- Agreed well with CFD prediction
(2002) N (139-1672) | d water free copper | 2000 Re dependent Pressure drop attributed
CWH to temperature  dependent  fluid
properties
24 | Ryuetal. (2002) | R <100 N L Water Silicon 1000 Channel geometry (width) crucial in
(364) CWH dictating the performance of a micro-
channel heat sink.
25 | Zhao and Lu|R A L Water Copper CWH Nu increases asais increased and
(2002) N Silicon CWT decreases with increasing k
26 | Gaoetal. (2002) | R 200- Ex LT Deminer | Brass 500 Nu decreases more at lower depths
2000 (40-10000) | alised CWH Nu 60% less than conventional value
water Conventional laminar Po obtained
27 | Hegab et al |R 100- Ex T R134a Aluminium | CWH Nu and f are lower
(2002) 200
28 | Tohetal. (2002) | R 80-100 | N L Water Silicon 350- f decreases drastically at low Re
(0-600) 7900 Attributed to low viscosity due to high
CWH fluid temperature rise at low Re
29 | Celata et al |C 130 Ex LT R114 Stainless CWT Nu is dependent on Re
(2002) (100-8000) steel Nu deviates from classical theory
f deviates moderately at 100<Re <200
Attributed to increased DAQ error at
low fluid velocity
30 | Wu and Cheng | Tra | <150 Ex L Deionize | Silicon CWH Nu increases almost linearly with Re at
(2003) d water Re<100, but slowly at Re> 100
Geometric parameters have more
significant effect than the surface
roughness and hydrophilic property
Nu and f increase with surface
roughness
31 |Bucci e al|C 172- Ex LT water Stainless CWT Nu higher in laminar and turbulent
(2003) 520 (100-6000) steel regime. 22.25% uncertainty in Nu
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32 | Kroeker et al. | C 500- N L Water Copper 10-100 Nu agreed with previous experimental
(2004) 2500 (500-1000) Silicon CWH data
Axial variation of Nu similar to
classical solution for constant wall
temperature.
Sinks with rectangular geometry have
lower thermal resistance, while sinks
with circular channels dissipate more
heat per unit pumping power
33 | Tiselj et al. | Tri | 160 Ex L Water Silicon 36 Heat transfer agrees with conventional
(2004) N (3.2-64) CWH Navier—Stokes theory
34 |Ng and Tan | R 72 N L Water - CWH 1<Nu<3
(2004) (26.58) The EDL effect will decrease the
effectiveness of the micro-channel
Added source term to include EDL
35 | Kim (2004) R 75 A L - - - Proposed methods for optimal channel
N size and fin thickness
36 | Maranzana et al. | R 300 N L Water Silicon 30 one-dimensional model, for small flow
(2004) (15.4) CWH rates, may lead to an underestimation of
heat transfer coefficients
37 | Owhaib and Palm | C 800- Ex LT R143A Stainless CWH Nu is Re dependent
(2004) 1700 (100- Steel Agrees with correlation in turbulent
17000) regime.
Similar h for 3 hydraulic diameters
studied in laminar regime
38 | Croce and | C 50-150 | N L R114 - CWH Effect of roughness on heat transfer rate
D’Agaro (2004) (100-1700) is smaller (within the limits

experimental uncertainty) and highly
dependent on shape.

Significant increase in Po - Increase is a
function of Re
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39 | Koo and | C <50 N L Water CWT Nu increases with the Darcy number
Kleinstreuer R (20-2000) | Methanol CWH Nu lower than the conventional value
(2004) Iso- viscous dissipation increases fluid

propanol temperature even at low Re
Ignoring viscous dissipation could
affect accurate flow simulations and
measurements

40 |Lelea et al |C 100- Ex L Distilled | Stainless 3.6-15 Conventional theories are applicable
(2004) 500 N (<800) water steel CWH Entrance effects should be included

41 | Gamrat et al. | R 200- Ex L Water Bronze - Nu is 60% less than CFD predictions
(2005) 2000 N (200~ Uncertainty  from position of

3000) thermocouple
42 | Lee etal. (2005) R 318- Ex LT Deionize | Copper 450 Experiments agree with CFD having
903 N (300-3500) | d water Silicon CWH matching boundary conditions
Entrance and boundary conditions
imposed in experiment need to be
carefully matched in predictions.

43 | Croce and | C 50-150 | N LT R114 - CWH Significant increase in Po
D'Agaro (2005) R (100-1500) Roughness has small effects on heat

Tri transfer and is highly dependent on
channel shape

44 | Koo and | C <50 N L water, - CWT Nu can be lower or higher than theory
Kleinstreuer R (20-2000) | methanol CWH depending on type of surface
(2005) Iso- roughness

Propanol
45 | Reynaud et al. [ R 300- Ex LT Filtered Bronze 1000 Nu slightly Re dependent
(2005) 1120 (600- tap water CWH Nu slightly higher than theory
72000) Similar Laminar Nu for 3 different dj,.
Nu measurements at low flowrates are
altered by free convection effects.
Po close to theory for the two thickest
channels in laminar regime
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46 | Celata et al 50 -528 | Ex L Deminer | Chromium | 1370- Lower Nu  which was attributed to a
(2006) (50-2775) | alised molybdenu | 2560 heat loss term that has the same effects
water m or | CWH as axial wall conduction.
chromium-— Nu decrease is more marked for
gold coated decreasing Re
Glass
47 | Shen et al. (2006) 444 Ex L Deionize | cooper 180-590 | Nu deviate from theory attributed to | N =0 5046Pe%2%%
(162- d water CWH surface roughness
1257) Nu is Pe dependent
f deviates from theory
48 | Muwanga and 1000 Ex L Deionize | Stainless CWH Agrees with conventional theory
Hassan (2006) (500-5000) | d water Used Liquid crystal thermography for
temperature measurements
49 | Lee and 200- N L Water - 500 H1 thermal boundary condition best
Garimella (2006) 364 (100-1500) CWH represents micro-channel heat sinks
50 | Li and Peterson 110 N L Water Silicon 10000 Geometry significant in improving heat
(2007) CWH transfer performance
51 | Chen (2007) - A L - - CWH Nu increases with aspect ratio. -
N Nu decreases with increasing the
effective thermal conductivity ratio.
52 | Tsai and Chein 90 A L Cu- Silicon - Nu is improved with nanoparticle | -
(2007) water compared with pure fluid.
CNT- Improvement  proportional to the
water particle volume fraction
The degree of improvement  also
depends on «
53 | Kou et al. (2008) <1000 N L Water Silicon 1000 Optimum channel size depends on flow | -
CWH power
54 | Husain and Kim 80-100 | N L Water Silicon 340- Micro-channel size and fin width have | -
(2008) 7900 significant effect on the thermal
CWH performance of micro-channel heat sink
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55 | Naphon and | R 300- Ex L Air Acrylic 1.8-54 Nu is dependent on Re -
Khonseur (2009) 400 (200-1000) CWH Micro-channel geometry has significant
effect on the enhancement heat transfer
and pressure drop.
56 | Xie etal. (2009) R 800- N L Water Copper 2560 Agrees well with correlations. -
1400 (100-2200) CWH A narrow and deep channel is better
than that of a wide and shallow channel,
in spite of the high pressure drop
penalty.
57 |Wang et al.|Tra | 155 Ex L Water Silicon 300 Nu agrees well with theory -
(2009) N (33-565) Pyrex glass | CWH
58 | Mokrani et al. | R 100- Ex LT Tap Stainless CWH Nu agrees well with theory -
(2009) 1000 (100-5000) | water f agrees well with theory
59 | Nonino et al. |C - N L Water Silicon CWH Deviations occur if conjugate heat | -
(2009) (50-200) Stainless transfer phenomenon are neglected
steel
60 | Kosar (2010) R 200 N L Water Cu, Al, Si CWH Proposed correlation Bjo*
Steel, glass NUy e, :4'516_0'2551W
Quartz,
polyimide
61 | Choetal. (2010) | R 300 Ex - R-123 Silicon CWH Straight micro-channels show less | -
Tra (uniform | sensitivity — of  the  temperature
and non- | distributions to the variation of the
uniform) | header shape
62 McHaIe and | Tra | <100 N L - Silicon CWH New correlations for !ocal and average NU, ., =3.265+ 5.0756%[41904uln(u)—13aeel]
Garimella (2010) Nusselt numbers are given
63 | Betz and Attinger | R 50 Ex L Water Polycarbon | CWH Segmented flow can increase laminar | -
(2010) ate—Al Nu by more than 100%
64 | Dogruoz et al. | R 60-240 | N - Water Copper 1000 Nu more dependent on geometrical | -
(2010) C Aluminium | CWH features than the flow rate values.
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65 | Gunnasegaran et | R 150- N L Water Aluminium | 0.1-1 Nu increases with Re -
al. (2010) Tra | 400 (100-1000) CWH Po increases with Re
Tri heat transfer increased from triangular
to trapezoidal and then to rectangular
channels
66 | Chiuetal. (2011) | R 200- Ex L Water - 150 Nu decreases with increasing o -
1000 N CWH Nu monotonically decreases along
channel for high aspect ratio
Nu is affected by entrance effects in
channels with low aspect ratio.
67 | Moharana et al. | R 900 Ex L Deionize | Copper CWH Lower Nu due to experimental | -
(2011) N (150-2500) | d water uncertainties especially at low Re.
Nu varies axially due to axial
conduction - knowledge of the axial
conduction number is vital for
achieving correct data reduction.
Most parallel channels connected to a
common inlet header will have fully or
partially developing flows.
68 | Mohammed et al. | R 400 N L Water Aluminium | 0.1 wavy micro-channels can be proposed | -
(2011) (100-1000) CWH as next generation cooling devices for
removing high heat flux instead of
using conventional straight micro-
channels
69 | Escher et al. |R 80-200 | Ex L Si02—- Silicon 0.1 Agrees with standard correlations -
(2011) A (100-1800) | water CWH
70 | Dharaiya and | R - N L - - CWH Nu for four wall H2 condition did not NU,,,pe =0.3816¢ +2.886
Kandlikar (2011) (100) H2 vary much with an increase in aspect Correlation is for 4 walls heated.

ratio
Other  correlations  proposed  for
different number of walls heated
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71

Lelea (2011)

50

Alumina
—water

Copper

350
CWH

Heat transfer enhancement rises along
the micro-channels.

Heat transfer augmentation increases as
the particle’s concentration increases.
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Xia et al. (2011)

<200

L
(100-1000)

Water

Silicon

1000
CWH

Heat transfer enhancement mechanism
of the micro-channel with triangular re-
entrant cavities can be attributed to not
only the vortices formed inside by the
reentrant cavity but also to interrupted
and redeveloped periodically thermal
boundary layer along the constant
cross-section surface
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Saenen and
Baelmans (2012)

Air

Silicon

CWH

Numerical  solution
experimental data

agreed  with
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ljam et al. (2012)

900

Al203-

water
TiO2—

water

Copper

3500-
5570
CWH

Nanofluid improved HTC
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Rahimi and
Mehryar (2012)

Do/Di=
1.5-3.5

L
(100-500)

Pr=2-34

K/k=33-
920

CWH

Nu is decreased at the entrance and
ending regions due to axial heat
conduction in the duct wall
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Sharma et al.
(2013)

150

L
(1200)

Hot
water

Copper

CWH

moderately increased pumping power,
while increasing viscous dissipation can
reduce the entropy generation due to
heat transfer and thus minimize the
overall entropy generation

77

Zhuan and Wang
(2013)

230

Ex

R134a
Deionize
d water

Polyetheret
herketone

2-22
CWH

h is independent of heat flux.

Heat transfer deteriorated when
intermittent dry out was encountered.

h declined with the increase in vapour
quality and moderately increased with
mass flux
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78 | Chai et al. (2013) 133 N L Water Silicon 1.22 6< Nu <12 -
(200-700) CWH
79 | Dixit and Ghosh 500- Ex L Water Aluminium | 8.5-11.7 | Nu is Re dependent -
(2013) 1500 (17-450) Stainless CWH Nearly identical Nu from heat sinks
Brass made of different materials
Copper f lower than conventional theory
80 | Naphon and 1000- Ex L Nanoflui | Copper 14-17 0.5<Nu<1.5 -
Nakharintr (2013) 2000 (60-200) d (Tio,— CWH Nu of nanofluids are greater than of
H,0) their base fluid (de-ionized water).
81 | Ho and Chen 1200 Ex L Nano- Copper CWH Nano-fluid yields significant | -
(2013) (133-1515) | fluid enhancements in the average heat
transfer coefficients.
82 | Hoetal. (2014) 1200 Ex L Nano copper CWH Proposed correlation Numzl_%s( Pe J (141720, 74807
(133-1515) | fluid L/D,
alumina onp=mass fraction
MEPCM
83 | Balaj etal. (2014) - N argon - 250-750 | Nu is a weak function of Br -
CWH Nu increases as wall heat flux increases
at constant Kn number
Nu however decreases gradually as
Knudsen number increases in the slip
flow range and beyond
84 | Dirker et al 50-105 | Ex L Water copper 5-40 Nu agrees well with conventional | -
(2014) (300-2800) CWH macro-channel thermal entry

correlations

Swirl inlet type altered behaviour of
Nu and f

f decreases with an increase in heat
input due to a reduction in the fluid
viscosity at the wall

*R — Rectangle, C — Circular, Tra — Trapezium, Tri-Triangle,

Ex — Experimental, N — Numerical, A — Analytical, L — laminar, T — Turbulent
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2.3 Scaling Effects

Some of the scaling effects (relevant to this study) that have been cited for the

dispersion of results are presented below.

2.3.1 Geometry

The Nusselt and Poiseuille numbers are highly dependent on the cross-sectional
geometry. Experimental results must therefore be compared with correlations for
similar cross sections. Dogruoz et al. (2010) suggested that the wall heat transfer
coefficient shows more dependence upon micro-channel geometry than upon flow
rate. similarly, Naphon and Khonseur (2009) concluded that the micro-channel
geometry configuration has significant effect on the enhancement of heat transfer
and pressure drop. Peng and Peterson (1996) found the heat transfer in laminar flow
through rectangular channels to depend on the aspect ratio and the ratio of the
hydraulic diameter to the pitch of the micro-channels. Rosa et al. (2009) noted that
experiments with single channels are more accurate and in good agreement with
predictions from published correlations. This is because experiments with multi
(parallel) channels are subject to flow mal-distribution and varying conditions in

each channel.

As can be observed from Table 2.1, the conditions for experimental and numerical
studies have varied greatly, for example, channel profile, number of channels,
channel spacing, inlet and outlet ports/manifolds. Therefore the deviations observed

in the literature can be partly attributed to varying geometrical conditions.
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2.3.2 Entrance/Exit Conditions

The heat transfer coefficient of fluid flow in internal ducts is higher in the entry
region where the temperature and/or velocity profile is still developing. Therefore,
higher local Nusselt numbers are observed in this entry region. This can affect the
average Nusselt number significantly if the entry region constitutes a significant
portion of the flow. Lee et al. (2005) numerically simulated micro-channels with
inlet and exit manifolds and observed that micro-channel flow is generally thermally
developing with considerable entrance effects. Guo and Li (2003) noted that entrance

effects are likely to contribute to the observed deviations.

The entrance effects are likely to contribute to higher and Re dependent Nusselt
numbers. Dogruoz et al. (2010) suggested disrupting the boundary layer to increase
thermal performance. Bucci et al. (2003) observed Nusselt number increases with
Reynolds number as in thermally developing flows, achieving up to 55% increase in
the value predicted by conventional theory. Rosa et al. (2009) noted that when
entrance effects are significant, average Nusselt number increases with the Reynolds
number. Celata et al. (2006) took precautions to ensure other scaling effects were
negligible and observed experimental Nusselt number to agree reasonably with
correlations for thermally developing flows. Muwanga and Hassan (2006) measured
local heat transfer coefficients using liquid crystal thermography and found that the
Nusselt number was in good agreement with the analytical solution for thermally

developing flows in the laminar regime.

The manifolds can play a significant role in the entry length. Rosa et al. (2009) noted
that because micro-channels are usually characterised by short lengths, entrance

header effects can be significant and need to be investigated. Others who have
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highlighted the importance of the manifolds on the flow include Bajura (1971), Kim

et al. (1995) and Tompkins et al. (2002)

2.3.3 Surface Boundary

A classification of different types of surface boundary conditions in internal flow is
outlined in Shah and London (1978). Most established Nusselt number correlations
are for idealised boundary conditions of constant wall temperature (CWT) and
constant wall heat flux (CWH). In micro-channels, however, it is difficult to achieve
idealised boundaries because wall conduction has a strong influence on the
temperature profiles particularly at low Reynolds number (Rosa et al., 2009, Rahimi
and Mehryar, 2012). Furthermore, the heat to be dissipated may be incident on the
top face of the plate; this will result in a peripheral variation of the heat flux density.
Some scholars who investigated micro-channels subjected to a constant wall heat
flux have assumed either a H1 (axially constant wall heat flux and circumferentially
constant wall temperature) or H2 (uniform wall heat flux, axially, and
circumferentially). For example Tunc and Bayazitoglu (2002) used the H2 boundary
condition while Lee and Garimella (2006) suggested that H1 thermal boundary
condition represents micro-channel heat sinks best. Numerical H1 Nusselt numbers
for rectangular micro-channels of varying aspect ratios is presented in Lee and
Garimella (2006) while those for H2, including varying number of adiabatic walls, is
presented in Dharaiya and Kandlikar (2011). Therefore, another possible contributor
to the scatter in results can be attributed to the varying boundary conditions (Lee et

al., 2005).
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2.3.4 Surface Roughness

Achieving completely smooth surfaces in micro-channels is practically impossible;
the surface finish can therefore affect the heat transfer and fluid flow. In
conventional sized channels, the effects of surface roughness can be neglected if
internal wall roughness is less than 5% of the channel diameter (Moody, 1944).
Several researchers have attributed discrepancy in their results to surface roughness

for example, Qu et al. (2000), Mala and Li (1999) & Shen et al. (2006) .

The effect of surface roughness in micro-channels has been studied by many, for
example, Koo and Kleinstreuer (2005), Croce and D’Agaro (2004), Croce and
D'Agaro (2005) and Wu and Cheng (2003). From these studies, it can be observed
that surface roughness is responsible for an increase in Poiseuille number while it
can increase or decrease the Nusselt number. Koo and Kleinstreuer (2005) and Rosa
et al. (2009) concluded that the surface roughness has a weak effect on heat transfer
in micro-channels, often within experimental uncertainties, therefore corrections to

account for surface roughness on Nusselt number need not be made.

2.3.5 Axial Wall Conduction/Conjugate Heat Transfer

In a convective heat transfer problem, the heat transfer within the solid surface is
often negligible. When this becomes significant, resulting in thermal conduction in
the solid surface, the process is referred to as conjugate heat transfer. The effect of
conjugate heat transfer in conventional sized channels is often neglected because the
wall thickness is very small compared with the hydraulic diameter. However, the
wall thickness can be significant in micro-channel applications, resulting in a

conjugate heat transfer problem. Gao et al. (2002), Guo and Li (2003), Maranzana et
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al. (2004), Gamrat et al. (2005), Nonino et al. (2009), Mohammed et al. (2011) and
Rahimi and Mehryar (2012) are among many who have observed conjugate heat
transfer to significantly influence heat transfer; it reduces the Nusselt number,

particularly at low Reynolds numbers.

Conjugate heat transfer can also modify the surface boundary condition. Kroeker et
al. (2004) and Maranzana et al. (2004) noted that axial conduction can give rise to a
non-uniform axial wall heat flux density, with a larger heat transfer to the fluid at the
entrance. This results in a high temperature gradient in the entrance region in both
the fluid and solid regions, especially at low Reynolds numbers. Rahimi and
Mehryar (2012) showed that axial wall conduction could also affect the outlet
region. Rosa et al. (2009) observed that when using parallel channels as in
commercial micro-heat sinks, significant 3D effects can arise which may only be

predicted by appropriate numerical 3D simulations.

Conjugate heat transfer can also be responsible for the Re dependent Nusselt
numbers observed in many studies. This is because the axial thermal conduction in
the channel walls decays as the Reynolds number increases. Morini (2006) noted that
the dependence of the mean Nusselt number on the Reynolds number in the laminar
regime may be partly explained by conjugate heat transfer effects at low Reynolds

numbers combined with viscous and entrance effects at higher Reynolds numbers.

Several studies such as Fedorov and Viskanta (2000) and Nonino et al. (2009) have
focused on investigating the effect of various parameters on conjugate heat transfer.
These parameters include wall thickness, wall thermal conductivity, entrance length
and heat loss through the end section. It can be concluded that conjugate heat

transfer is more relevant for short ducts, thick walls and/or at low Reynolds numbers.
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The study of conjugate heat transfer is not limited to micro-channels, it has also been
studied in conventional channels by Faghri and Sparrow (1980), Barozzi and

Pagliarini (1984) and Barozzi and Pagliarini (1985).

2.3.6 Viscous dissipation/Fluid properties

In macroscopic flows through channels, internal generation of heat is usually
neglected, however, at very small hydraulic diameters; viscous forces can generate
significant internal heat, which can in turn influence the heat transfer (Rosa et al.,
2009). Also, thermo-physical properties of the fluid can vary significantly between
the inlet and the outlet due to temperature change in the fluid. This can influence the
Nusselt and Poiseuille numbers remarkably. Koo and Kleinstreuer (2004) observed
that viscous dissipation increased the fluid temperature in micro-channels, even at
low Reynolds number. Other examples of those who attributed deviations to viscous
dissipation/ variation of fluid properties include Tunc and Bayazitoglu (2001), Toh
et al. (2002), Morini (2006), Herwig and Mahulikar (2006), Jeong and Jeong (2006)
and Chen (2006). The effect of viscous heating on the Nusselt number can be
influenced by the type of boundary condition. Viscous dissipation increases the
Nusselt number under a constant wall temperature boundary condition and reduces it
under a constant wall heat flux boundary condition. This is because viscous
dissipation reduces the average temperature difference between wall and fluid in a
constant wall temperature boundary and increases it in a constant wall heat flux.
Rosa et al. (2009) concluded that viscous heating can markedly influence heat

transfer in micro-channels and should always to be checked.
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2.3.7 Measurement uncertainties

The reduced length scale in micro-channel studies poses challenges in taking
accurate measurements. Furthermore, the introduction of measuring instruments
within the flow can have significant effects on the results. Palm (2001), Hetsroni et
al. (2005b) and Rosa et al. (2009), who reviewed studies on heat transfer in micro-
channels, suggested that measurement uncertainties can have a strong influence on
experimental results. Gamrat et al. (2005) observed that the position of the
thermocouples away from the liquid/solid interface can yield as much as 40%
uncertainty in the estimated Nusselt number. Bucci et al. (2003) observed 22.25%
uncertainty in their Nusselt number. Others who have highlighted the significance of
measurement uncertainties include Harms et al. (1999), Celata (2004), Morini
(2004), Reynaud et al. (2005) and Celata et al. (2006). Obot (2002) reviewed many
published experimental results for micro-channels and concluded that an uncertainty
of up to 25% could be very well expected and should be considered satisfactory.
Some of these uncertainties arise from channel diameter variation axially, difficulty
in accurately measuring fluid and channel wall temperatures and assuming similar
conditions in all channels. Therefore experimental results should account for the

various measurement errors.

2.4 Literature Review Summary and Research Justification

From the literature review presented, it can be observed that despite extensive
studies on miniaturised channels, there are still considerable discrepancies between
results. This inconsistency has generally been attributed to scaling effects. In fact,
quite recently, Dixit and Ghosh (2015) who presented the state of the art on heat

transfer in micro and mini channels, noted that standard design and analysis
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methodology for miniaturised channels, whether using theoretical or experimental

techniques, are not yet available.

The geometry (aspect ratio) of the channels influences the thermal (depending on the
boundary condition) and hydraulic performance. The flow regime influences the
thermal performance. The type of thermal boundary influences thermal performance.
Surface roughness can influence thermal and hydraulic performance. Conjugate heat
transfer reduces thermal performance. Therefore, an experimental investigation to

quantify the effects of these scaling effects is necessary

These scaling effects can be influenced by the design and operation, therefore the
performance of the micro-channel heat sink has to be tested for the particular
application. The extensive study of miniaturised channels has been largely in the
context of cooling electronic components. Very few scholars have reported using
micro-channels in solar systems, these include Khamis Mansour (2013); who
looked at a flat plate rectangular channelled absorber plate, Sharma and Diaz (2011);
who investigated its application in an evacuated tube collector and Deng et al. (2013)
who studied a novel FPC with micro-channel heat pipe array. The peculiarities of
the application of micro-channel heat transfer in solar collectors include the low
Reynolds number as well as the low heat flux density. Most of the previous work
done have been conducted for higher flow rates (typically Re>100) and higher heat
fluxes (typically g>10,000 W/m?). However, this study focuses on flows with
Re<100 and g<1000 W/m?. This thesis aims to fill the gap in knowledge of the heat

transfer and fluid flow occurring in the proposed design of micro-channel plates.
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3. Analytical Investigation

3.1 Background
This chapter presents an analytical study into the temperature distribution in the
proposed absorber plate. This analysis is important for the optimization of design
parameters, especially to minimize temperature gradient in the transverse and
longitudinal directions. Minimizing temperature gradient on the absorber plate will
improve collector’s performance; collector’s performance will be maximized if the
whole absorber plate surface is at the same temperature as the inlet fluid (Duffie and
Beckman, 2006). An analysis similar to that presented by Duffie and Beckman
(2006), for conventional sheet and tube design, is adopted for the micro-channel

absorber plate.

3.1.1 Convention

direction

-
-

\ 4

x direction

Figure 3.1: Description of micro-channel plate directions

Figure 3.1 describes the various directions in the microchannel plate.
1. The fluid flows in the x direction, along the length (longitude) of the plate

from inlet to outlet.

2. The channels are arranged in parallel along the width (transverse/y direction)
of the plate from left to right.

34



Figure 3.2 shows the dimensions of the micro-channel plate; channels have a depth
a, width b, separated by a pitch distance p. The micro-channel plate has fluid
passing along rectangular passages, the fourth side of the passage is formed by a
cover plate that is clamped in place hard against the inter-passage ribs, and the plate

has a total thickness ¢.

Figure 3.2: Micro-channel plate dimensions

3.2 Thermal analysis between channels (y direction)

In order to obtain the significance of the plate design, the following assumptions are

made.

1. The heat transfer in the flow direction is temporarily neglected.

2. Since the plate is thin and will be made of a material with good thermal
conductivity, the temperature gradient through the plate (z direction) can be
neglected.

3. Convection heat transfer occurs on all four sides of the channels

A fraction of the solar irradiance on the collector will be reflected away and the rest

will be absorbed by the plate; the magnitude of this will depend on several factors
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such as the glazing and surface of the collector. However, since this study is focused
on the absorber plate, only the solar irradiance absorbed by the plate q;, will be
considered. A part of this energy absorbed by the plate is further lost to the
environment, the magnitude of this loss, which will vary based on several factors,

can be defined in terms of an overall plate heat loss coefficient, U .

This implies that the loss from the absorber plate can be defined as
q.=U (T,-T,) (3.1)

In conventional sheet and tube solar collectors, a thermal analysis is done on the fin
element. However, since this design incorporates micro-channels, the fin efficiency
will yield values in excess of 99.9%. A more appropriate method of obtaining the fin
efficiency will be to compare the thermal conduction resistance in the metal plate to

the overall thermal resistance.

3.2.1 Fin efficiency (F)

P

A

Figure 3.3: Dimensions on a single micro-channel
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The thermal conduction resistance of the geometry shown in Figure 3.3, can be

obtained using the conduction shape factor SF,

—= (3.2)

The conduction shape factor for this geometry is given as (Cengel et al., 2011)

SF = 27l (for p/b>1.41) (3.3)
0.93In(0.948 %)
27L

SF =

There will be a channel wall to fluid resistance when the useful energy gain, is

(for p/b<1.41) (3.4)

being transferred to the thermal working fluid. It should be noted that in
conventional arrangements, an additional resistance will result from the bond
between tubes and sheet, hence this absorber plate design offers lesser resistance in
the transfer of useful energy to the fluid. The convection resistance in a single

channel can be shown to be

Rconv = i = # (35)
sh  2h(a+b)
Therefore, the fin efficiency will be
F - Rconv (36)
Rcond + Rconv
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Figure 3.4 shows variation of the fin efficiency with fin length at different values of
plate thermal conductivity. The figure shows that the thermal conduction resistance
decays as the pitch distance reduces and/or thermal conductivity of the material
increases. Therefore, heat loss from the absorber plate can be reduced by designing

plates with channels closely spaced out.

1.002 :
m— =200 W/m'C
r m— k=150 W/m'C||
0.998+ = k=100 W/m'C ||
k=50 W/m’'C
0.996/- -
0.994}
L
0.992+
0.99+
0.988/-
0.986/-
0.984, 5 10 15 20 25

Fin length, p-b(mm)

Figure 3.4: Fin efficiency versus fin length

3.2.2 Collector Efficiency Factor (F’)

The collector efficiency factor F is defined as the ratio of the actual useful energy
gain to the useful gain that would result if the collector absorbing surface was at the

local fluid temperature (Duffie and Beckman, 2006).

F'= 9, 3.7
o0 0. (T, )] &0
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The collector efficiency factor F can also be defined as the ratio of the heat transfer
resistance from the absorber plate to the ambient air to the heat transfer resistance

from the fluid to the ambient air (Duffie and Beckman, 2006).

F'= ]/pUL (38)

B
+
SFk  2h(a+h)

0.95 —U =2 W/m?*'C
—U =4 W/m*'C
— = 2 °
0.9 U, =6 W/m? ‘C
) U =8 W/m*’'C
LL
0.85
0.8
0-7% 200 400 600 800 1000

h w/m?C

Figure 3.5: Collector efficiency factor versus heat transfer coefficient

Figure 3.5 shows a plot of the collector efficiency factor versus the heat transfer
coefficient at different overall plate heat loss coefficient U.. It can be observed that
at a particular heat loss coefficient, increasing the heat transfer coefficient above
about 200 W/mZ.°C results in marginal improvement of the collector efficiency
factor. Also, the collector efficiency can be improved by reducing the overall heat
loss coefficient; this will be achieved by placing the absorber plate in a vacuum

envelope.
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3.3 Thermal analysis in the flow (x) direction
A thermal analysis to obtain plate temperature distribution T(x), in the flow direction
is conducted. The plate, has a thermal working fluid flowing through the channels at
a mass flow rate m, and local temperature 0(x). For analysis purposes, the channel
has been modeled as a flat plate having a surface area, s, equivalent to the four sides
of the channel as shown in Figure 3.6. This figure shows a schematic of the heat and
mass interaction in an elemental volume with length 4x and unit width. The

following assumptions are made

1. The flow can be approximated as incompressible and steady state.

2. The system is perfectly insulated thus thermal losses are negligible.

3. Axial thermal conduction in the metal plate is in the flow direction only. The
metal temperature is constant over a cross-section and heat transfer occurs
through 4 sides of the channel.

4. The thermal properties of the plate and fluid are constant.

5. Typical flow rates for solar collectors usually yield laminar flow with very short

entry regions; therefore a constant heat transfer coefficient is assumed from inlet

to outlet.
l SgAx
(dT T
dr e, | S+ S A
—kA, a - Plate - L | dv o J
§ SHT-0)Ax
; (. de )
me, 0 - Fluid g mcp‘ H+Tg\*}
hy x+Ax : “ g
Ax

Figure 3.6: (a) Elemental volume of plate
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The number of channels N, in a unit width of plate is given by
N.=1/p (3.9)
The circumference of the channel is
s=2(a+b) (3.10)
Therefore, the total circumference of all channels in a plate is

5=sN, (3.11)

Note that the total surface area is a product of the circumference and the length

S. =SL (3.12)

c

The ratio of top surface area to the heat transfer surface area is given by

A -B_P
s S (3.13)

The heat flux from the channel walls per unit length of collector is
0 = %A (3.14)

The cross sectional area for thermal conduction in the longitudinal direction is given

by

A =6P—(N,ab) (3.15)
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To predict the plate temperature T and fluid temperature & as a function of the
position X, in the flow direction, the conservation of energy principle is applied on

the elemental volume of plate and fluid, shown in Figure 3.6.
The useful solar energy into this elemental region will be
0 = Sq,AX (3.16)

The thermal energy conducted into the plate of the elemental volume will be

dT
qcondx - (_kAL &j

dT
= kA (3.17)

X

The heat conducted out of the elemental volume will be

dT
=| —-kA —
qcondAx+x ( L de

The heat transferred out of the elemental region by convection will be

s [dT 4T ij (3.18)

_+_
dx dx?

Sh(T —6)Ax (3.19)

Therefore, the energy balance on the plate can be represented by

X dx  dx?

2
SqAx+(—kAL ‘Z—Tj—(—m (dT +d—TAxD— Sh(T —0)Ax=0  (3.20)
Simplifying and dividing by kA4x yields
d’T  Sh Sq
————T-6)+—=0 3.21
o KA (T-0)+ A, (3.21)
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This is a second order differential equation which requires two boundary conditions

for a solution. The boundary conditions used are derived from the insulation of the

plate at both ends, which can be represented as

an _y

dX x=0
And

ar o

dX x=L

(3.22)

(3.23)

Similarly, an energy balance is taken on the fluid element; the energy transferred

from plate to the fluid is given in equation (3.19). The energy of the fluid entering

the element is
0y =mc,0

The energy of the fluid leaving the element is

do
=mc, | 0+—AX
qfx+Ax p( dX ]

Therefore the energy balance on the fluid element will be

0

Sh(T - @)Ax +mc & —rmc, [0+ 3—8ij
X

Simplifying and dividing by mcp4x yields
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‘;ﬁ—i(T ~0)=0
X MG, (3.27)

To make equation (3.27) a second order differential equation similar to
equation(3.21), it is further differentiated to yield

fo_h(ar_00),

2 .
dx® mc (3.28)

Equations (3.21) and (3.28) can be combined into one differential equation by

subtracting (3.28) from (3.21). This will yield

2 2
dT _d% +§_h(d_T_d_9J_S_h(T—e)+ﬁ:o (3.29)
dx® dx mc,\ dx dx /) kA KA

For convenience, a variable U, which is the difference between fluid and plate

temperature at a particular position, x, can be defined as
Uu=T-6 (3.30)

From this definition, equation (3.29) can be rewritten as

U sh (duj sh
dx? mc,

™~ _E(U):__ (3.31)

From equation (3.30), it implies that the boundary conditions presented in equations

(3.22) and (3.23) become

du|__do 23)
dx |,_, dx
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And

du deo

x|, dx

Equation (3.31) isa 2" order differential equation of the form

au”"+bU’'+cU =d

The general solution of this form of differential equation is

U=CF+PI

It can be shown that (Stroud and Booth, 2013)

CF =C,e"* +C,e™*

Where 2A; and A are the roots of the equation

ar’+bi+c=0

The PI can be obtained by assuming that

Pl =U,, =C,
This implies
2,
dup, =0 and d UZP' =0
dx X

Substituting equation (3.38) and (3.39) into (3.31) yields
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(3.34)

(3.35)

(3.36)

(3.37)

(3.38)

(3.39)



She __Sq

_KCF’ = A (3.40)
Giving
PI=C,=1 (341)
Therefore,
U =Ce" +C e +% (3.42)

Equation (3.42) defines the plate and fluid temperature difference in the flow
direction. The fluid temperature can be obtained by re-arranging equation(3.27),

which will result to

d—gz_s—h(T—H) ShU (3.43)
dx mc, mc,,

Therefore, the temperature of the fluid can be obtained by substituting

equation(3.42) into (3.43) and integrating

2

a(x)zjzf j—Ud { (%(eklx—1)+%(e”2*—1)]+nf—gpx} (3.44)

The plate temperature can be obtained by rearranging equation (3.30) and

substituting (3.42)

T(X)= (Cse*'X +C,e"* + g—ij +6(x) (3.45)
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Cs and C,4 can be obtained by differentiating equations (3.44) and (3.45)  then

substituting into the boundary conditions in equations (3.32) and (3.33), At x= 0,

this will give
Cola+N g, |, + 0 |30 (3.46)
me me me
And at x=L
Colnet + et |4c, | neit + gt |- S0 (3.47)
me me me

Equations (3.46) and (3.47) can be solved simultaneously to get the constants C3 and

Cs

3.3.1 Effects of design/operating parameters

Equations (3.44) and(3.45) were used to plot the fluid and plate temperature profiles
for different flow rates, heat transfer coefficients and rates of axial thermal
conduction. This was done for a heat transfer fluid flowing in a 1m? collector micro-
channel absorber plate, whose channel walls have a heat flux of 1000 W/m?. The

graphs for these plots are shown in Figure 3.7 — Figure 3.9 .

3.3.1.1 Flow rate

The range of flow rates plotted, 0.02 and 0.2 kg/s, corresponding to 10 < Re < 93,
represents the nominal  operating range of an actual collector; these flow rates
indicate that the thermal entry length is negligible and the flow can be approximated

as thermally fully developed.
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As expected, Figure 3.7 shows that the fluid and plate temperature profile changes
with the change in flow rate. The axial conduction effects can be observed at both
ends of the plate, this becomes less significant as the flow rate increases. Apart from
the ends, the temperature difference between fluid and plate is quite similar for the
most part of the fluid which is what is expected in a constant heat flux boundary

condition.

15
= = Plate (Re=10)
m— Fluid (Re=10)
= = DP|ate (Re=50)
, of | =Fluid (Re=50) |
o == = P|ate (Re=93)
() .
5 === luid (Re=93)
©
“éi g=1000 W/m?
o h=2500 W/m?'C
St kA=5.1 Wm/ °C 1
O r
0 0.2 0.4 0.6 0.8 1

x (Plate length), m

Figure 3.7: Temperature profile of fluid and metal plate at various flow rates
3.3.1.2 Heat Transfer coefficient

Figure 3.8 shows a plot covering the different possible heat transfer coefficients that
can be expected from the channels (500 W/m? °C — 4500 W/m? °C). The graph
shows that the fluid temperature profile remains unchanged, thus increasing the heat
transfer coefficient has no effect on the fluid temperature profile, but reduces the
temperature difference between metal plate and fluid. This figure further illustrates
that achieving high heat transfer coefficients will bring the plate surface temperature

close to fluid temperature thereby improving performance.
48



=== p|ate (h=500 W/m?'C)
3.5 === yid (h=500 W/m?'C) PPl
|| ™ = Plate (h=1500 Wim*C) ’,v’
== [luid (h=1500 W/m?’C) ’,' -
O 5 5||™=Plate (h=4500 W/m?'C) , »* P>
g === Fluid (h=4500 W/m? C) P~
e g 7 s
S R PR 1
o U 4 - -
- ' -
§15L " "z |
= O - ,/ ’¢ 5
s” % g=1000 W/m
L ” 2% Re=50 i
1 7 - .
RPN kA=5.1 Wm/ 'C
-7 L%
057 -2 |
—f
0 r r r r
0 0.2 0.4 0.6 0.8 1

x (Plate length), m

Figure 3.8: Temperature profile of fluid and metal plate at various heat transfer

coefficients

3.3.1.3 Axial Thermal conduction

Figure 3.9 shows the variation of fluid and plate temperature profile along the length
for varying values of kA.. The range plotted cover actual design parameters; kA_
=0.1 — 9 Wm/ °C covers a plate made from a 3 mm PTFE sheet to a 20mm copper
sheet. It can be observed that the fluid profile varies by less than 0.1°C  while the
plate temperature profile varies a bit more at the inlet and exit. This variation can be
quite significant for plates with shorter channels. It also indicates that the sides of the

plate need to be insulated properly to minimize heat loss.
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Figure 3.9: Temperature profile of fluid and metal plate at various rates of axial

thermal conductivity
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Figure 3.10: Temperature profile of fluid and metal plate for the upper extreme case
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Figure 3.11: Temperature profile of fluid and metal plate for the lower extreme case

Figure 3.10 and Figure 3.11 show the plate and fluid temperature profile for two
extreme cases. From Figure 3.10, it can be observed that axial thermal conduction is
negligible and the difference between fluid and plate temperature profiles is constant.
This is the expected trend in conventional laminar forced convection heat transfer
with a constant heat flux boundary; this signifies that if axial conduction is
negligible, conventional heat transfer analysis will suffice. Figure 3.11 shows a
combination of a constant heat flux wall boundary condition and isothermal wall
boundary condition. A trend synonymous with a constant temperature wall
boundary condition is observed at the inlet and exit while the constant heat flux

condition is observed at the middle section of the plate.

Figure 3.12 compares the temperature difference between plate and fluid (U) at two
extreme cases, it can be observed that when the axial conduction is significant U
gives an ‘s’ shaped curve and this flattens out with reduction in axial conduction

until it approximates the expected straight line for constant heat flux wall boundary
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condition. It also indicates that the length of channel can make the axial conduction

more pronounced.
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Figure 3.12: Temperature difference between plate and fluid (U) for the two extreme

cases
3.3.2 The Heat Removal Factor (Fr)

The collector heat removal factor Fg is a quantity that relates the actual useful
energy gain of a collector to the useful gain if the whole collector surface were at
the fluid inlet temperature (Duffie and Beckman, 2006). This quantity can be

evaluated by

me (Tout _Tin)

*TA[0-U (T, -T)]

(3.48)

By substitution and rearrangement, Fr can also be expressed as
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F. :m—cp{l-exp[— A;L]JLF’H (3.49)

Fr can be observed to be similar to the effectiveness of a heat exchanger, which is
the ratio of the heat transferred to the maximum possible heat that can be transferred.

Therefore, the actual useful energy gain can be represented by
Qu = A:FR [qt _UL (Tm _Ta)] (350)

Figure 3.13 shows the variation of Fg with mass flow at various values of U, and
Figure 3.14 shows the variation of Fg with mass flow at various values of F’ ( F’is

a function of design parameters such as a, b and p)

0.95 L . \ ‘
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0.93F - o
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[
L
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0.9+
0.89-
0.88, 200 400 600 800 1000

me, w/'C

Figure 3.13: Heat removal factor versus mass flow rate at different U
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Figure 3.14: Heat removal factor versus mass flow rate at different F'
3.3.3 The Flow Factor (F”)

The collector flow factor F” is defined as the ratio of the heat removal factor to the

collector efficiency factor

mC !
F”:i:—p 1-exp -A‘_ULF (3.51)
F AUF’ e

p

From equation (3.51), it can be observed that the flow factor is a function of a single
variable which is defined as the dimensionless collector capacitance rate, CCR
(Duffie and Beckman, 2006). Where

mC

CCR= AU = (3.52)
L

Therefore equation (3.51) can be written as
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Fr= CCR{l-exp(-C—cljRﬂ (3.53)

Figure 3.15 shows a plot of the flow factor as a function of the collector capacitance
rate, as expected, the flow factor increases with the collector capacitance rate,
therefore the collector performance can be improved by increasing the mass flow
rate per collector area, m/A., and/or reducing U, . Higher /A, can be achieved by
pumping the fluid at higher velocities; the increased mass flow rate then also reduces
the overall collector temperature rise, albeit at the expense of increased pumping
power. This will result in lower losses and increase in energy gain since the collector

Is at a lower temperature.
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Figure 3.15: Collector flow factor versus collector capacitance rate

3.4 Summary
An analytical investigation into micro-channel absorber plates for compact flat plate
collectors has been presented. Standard parameters for predicting performance of the

flat plate collectors have been estimated; these include fin efficiency, F, collector
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efficiency factor, F, heat removal factor, Fg, flow factor 7, local plate temperature,
T(x), and local fluid temperature, 6(x). These were evaluated over a range covering
typical flat plate collector operating values; overall heat loss coefficient in the range
2 — 8 W/m2.°C, flow rate in the range 0.01 — 0.1 kg/s/m* and heat transfer
coefficients in the range 200 -1000 W/m2.°C. The results showed that values of F
and F very close to unity can be achieved with this design when the overall heat loss
coefficient is below 2 W/m?.°C. The analysis further revealed that increasing the
fluid-plate heat transfer coefficient beyond 300 W/m?.°C has marginal effect on the
collector efficiency factor at a given U value. It was also observed that the effect
of axial thermal conduction can significantly alter the temperature profile of the
metal plate and should be accounted for, especially in short plates. The collector
flow factor F” and the heat removal factor can be improved by increasing the
collector capacitance rate; this can be achieved by increasing the mass flow rate per

collector area m/A., as well as reducing the overall heat loss, U, .
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4. Experimental Setup and Data Acquisition

4.1 Background

The analysis presented in chapter 3, suggests that very high performance can be
obtained from the micro-channel absorber plate design. However, the review of
literature (chapter 2), indicate that traditional heat transfer and fluid flow correlations
could yield misleading results due to scaling effects in micro-channels. Hence, an
experimental study proves to be a necessity in predicting actual thermal and
hydraulic behaviour of these micro-channel plates. Therefore, experiments were
designed to closely match real life operation of the proposed compact solar collector.
These experiments were aimed at measuring performance accurately as well as

investigating the significance of scaling effects.

The essential parameters needed for estimating performance include heat transfer
coefficient (h), Nusselt number (Nu), fluid velocity (v), Reynolds number (Re), pump
power (P) and friction factor (f). The quantities required to be measured
experimentally to calculate these parameters are plate temperatures (T,), fluid
temperature at inlet, (Tiy), fluid temperature at outlet (Toy), mass flow rate, () and
pressure drop (4p). other quantities such as the specific heat capacity (Cp), density
(p) and thermal conductivity (k) are fluid properties that can be obtained from the
literature. This chapter gives a detailed explanation of the two test rigs that were
designed (the heated sandwich and the counter flow heat exchanger); it also
discusses the various components of the experimental apparatus, how they were
calibrated and the various design considerations. The procedures adopted for data

analysis are also presented.
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4.2 Heated Sandwich

4.2.1 Description

One of the aims of this experiment was to investigate optimal geometry effects of
the channel geometry hence a rig, which allowed a variety of relatively simple
channel plates to be tested without each needing its own inlet and outlet connections,
was made. It consisted of two 340 x 240 x 10 mm aluminium slabs — a “top” and
“bottom” piece, with the thinner (3 mm) micro-channel plate sandwiched between
them. The sandwich was held together by M4 screws along the edges with an O-ring
ensuring a leak tight seal. A cross section of the test rig is shown in Figure 4.1.
Longitudinal and transverse 3D cross sections are shown in Figure 4.2 and Figure

4.3 The rig was insulated with a box constructed from Polyisocyanurate foam.

Heater Mat Top Slab

Bottom slab Micro-channel plate Manifold Outlet port

Figure 4.1: Cross section of test rig through outlet port
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Micro-channel Plate

Bottom slab™

Inlet Manifold -

Figure 4.2: Longitudinal 3D section of test rig

Figure 4.3: Transverse 3D section of test rig
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Absorbed solar irradiation was simulated with self-adhesive heater mats, capable of
supplying heat flux density in the range 100 W/m? — 5000 W/m?. These were
mounted on the the upper face of the top slab. The uniformity of the heat flux
imposed by the heater mat was validated in two ways; firstly, an infrared camera was
used to check the temperature profile on the resistance heater. This was done by
quickly removing the insulation to take the infrared picture — a maximum variation
of less than 0.25 °C was observed longitudinally when the plate temperature was
about 30°C. Secondly, the transient temperature profile of the micro-channel plate
was examined when the heater mat was turned on with no flow through the channels.
A uniform temperature profile was observed on the plate, which signifies a uniform

heat flux from the mat.

The 10 mm thickness of the slab and relatively high thermal conductivity of
aluminum implied that an even heat flux from the lower surface of the bottom slab
can be expected. Thermocouples were embedded between the mat and the slab for
heat loss calibration and grooves were machined on the lower face of the top slab.
These grooves were for positioning Resistance Temperature Detectors (RTDSs)

required for measuring the micro-channel plate temperature.

The lower face of the bottom slab had a BS 381 O-ring groove and two 180 x 15 x
2 mm manifolds machined on it. Each manifold had a %4” BSP connection port (for
fluid entry and exit); the ports were located at opposite sides to promote even
distribution of the fluid across the plate; the positions of the manifold and ports are
illustrated in Figure 4.4a. Three pieces of the bottom slab were made, each from a
different material; Aluminum, Perspex and PTFE. The aluminum was the default

slab used while the PTFE slab was made to investigate the effect the thermal wall
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boundary condition. The Perspex slab was made to enable visualization of the flow

through the channels.

The fluid temperature at inlet (Tiy) and outlet (Tou), were measured using
thermocouples and RTDs. These temperature probes were placed inside the ports
after elbow fittings to promote fluid mixing and ensure accurate bulk fluid
temperatures were read. Thermocouples were stuck at the outside walls of these

ports as a second check of the fluid temperature measurements.

Micro-channel
plate

Inlet &Outlet
Ports

Manifold

PIR Box

Figure 4.4: (a) Inner face of Test Rig (b) Thermocouple arrangement on plate

A total of 10 plates measuring 320 x 225 x 3 mm having 270 mm long channels
were made, Table 4.1 presents the geometric details of the plates; the channels on 8
plates were made by machining with a circular saw while the channels on the other
2 plates were made by an etching procedure. Figure 4.6 shows pictures of some
plates, the fourth side of the channel was formed by the bottom slab that was
clamped in place hard against the inter-passage ribs. Figure 4.4b shows the
arrangement of thermocouples stuck on top of the micro-channel absorber plate to
measure the plate temperatures, (Ty;), at different points. A schematic showing the

position of the thermocouples is shown in Figure 4.5
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Figure 4.5: Schematic showing thermocouple positions

Table 4.1: Geometric parameters of the channels

Plate Nc a(mm) b(mm) P(mm) L(mm) Dn(mm) a=a/b

Machined
A 180 0.5 0.5 1 270 0.5 1
B 72 1 2 25 270 1.33 0.5
C 60 1 2 3 270 1.33 0.5
D 60 0.75 2 3 270 1.1 0.375
E 60 05 2 3 270 0.8 0.25
F 60 0.25 2 3 270 0.44 0.125
G 45 1 2 4 270 1.33 0.5
H 36 1 2 5 270 1.33 0.5
Etched
K 180 0.5 0.5 1 270 0.5 1
L 60 05 2 3 270 0.8 0.25

The flow rate (rn) and pressure drop (4p) were measured using a Corriolis mass flow
meter and a differential pressure sensor respectively. Pipes and fittings in the
hydraulic loop were insulated. All the measured quantities were logged with a 16-bit
National Instruments data acquisition system via Labview. Thermocouples were

connected through a SCXI-1102 thermocouple interface board.
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Figure 4.6 : Picture showing some of the plates

A flow schematic of the experimental setup is shown in Figure 4.7; a temperature
controlled circulating bath supplied the heat transfer fluid at constant flow rate and
temperature to the heated sandwich, in a closed loop hydraulic system. Figure 4.8
shows the actual experimental setup. Details of the various components in the setup

are discussed in section 4.4.

Differential
Pressure sensor
O,
>
T
e o o o
P § T Tw Tw G
A %
T
Temperature Micro-Channel Test Rig

controlled
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Bath

L o

m

Mass Flow
Meter

Figure 4.7: schematic of experimental setup
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Figure 4.8: Actual experimental setup

4.2.2 Design considerations

4.2.2.1 Clamping Force to withstand pressure of liquid

The circulating bath used has a maximum delivery pressure (head) of 70 kPa . The
fluid flows between the plate and bottom slab (face area is 340 x 240 mm).
Therefore, the maximum force exerted on the plate by the fluid can be estimated

from

Fo =P xA, (4.1)

Substituting values will result in

F;, =70x0.24%x0.34 =5.712kN (4.2)

Thirty (30) grade 12.9 M4 cap screws, with a maximum axial force, Fsgrew = 6.75KN
(Budynas, 2011), were used to clamp the test rig together. The screws were closely

spaced (46 mm along the breadth and 32.8 mm along the length) to keep the edges
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rigid, this arrangement is shown Figure 4.9. Therefore, the total compressive force

exerted by the screws will be

F

ScrewTotal

=6.75x30 = 202.5kN (4.3)

And the resulting compressive stress will be

I:ScrewTotal — 202.5 = 2481kPa

A 0.24x0.34 (4.4)

Comparing the maximum force exerted by the fluid (4.2) to the total compressive

force exerted by the screws (4.3), it can be observed that

F

ScrewTotal

> F (4.5)

This shows that the screws exert sufficient force to withstand the pressure of the

flow.

Figure 4.9: Isometric view of test rig showing fasteners
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4.2.2.2 Deflection and thermal expansion of Slabs and

Plates

The maximum deflection of a flat plate whose edges are rigidly fixed is given by

(Budynas, 2011)

PL*
=C, == 4.6
ym 6 E53 ( )
The linear thermal expansion can be estimated by
AL = o LAT 4.7)

Table 4.2 shows the values of maximum deflections and thermal expansion of the
plates and slabs. These were obtained by substituting values into equation (4.6) and
(4.7). Since the values of maximum deflection are small, it may be concluded that its
effects can be neglected. The engineering drawing presented in Figure 4.10 shows
that 1 mm allowances were made between the plate and the screws. This implies that
the plate can expand along the length and width thus preventing deflection of the
plate due to thermal expansion. Also since the components are made of the same

material, there will be no bimetallic deflection.

Table 4.2: Deflection and expansion of slabs

Component  Xm (MM) Ym (MM)  X,7e (MM)  Yoze (MM)

slabs 0.04 0.01 0.63 0.44
Plate 0.4 1.3 0.63 0.44
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Figure 4.10: Engineering Drawing of the Test Rig

4.2.2.3 Thermal Resistance at Plate — Top slab interface

A thermal analysis was done on the test rig to validate its performance. Figure 4.11
shows the schematic of the thermal network representing the test rig. One of the
most important segments is the interface between the top slab and the micro-channel
plate. This segment is crucial because 0.25 mm diameter thermocouples measuring
plate temperatures are located here. It was difficult to measure the thermal contact
resistance at this interface; hence this segment can pose significant uncertainty in
plate temperatures measured. Thermal resistance details of each segment are shown
in Table 4.3, four different scenarios for the interface are presented; filling the
interface with 1 mm of grease and 3 different effective gap thicknesses (filled with
air). From this table, it can be observed that the scenario, in which the interface is
filled with 1 mm layer of grease, shows that thermal resistance can be reduced by a

factor of 10 compared with having an effective 0.1 mm air gap and by a factor of 60
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with a 0.5 mm air gap. This method was initially adopted and some experiments
were run with grease at the interface. However, this proved to be very challenging
because, firstly, it was difficult to apply an even surface of grease and secondly, the
grease layer was observed to be distorted after experiments, as shown in Figure 4.12,
This distortion was due to changes in viscosity which resulted from extreme

temperature changes during experiments.

Tamb
Top Insulation R, = ki
Qtoploss I(ti Ai
Tmat
Heating Mat Quy = El
Tts
Az,
Top SIab qup Rts - kt_SAT_S
Tine
Az
Thermocouple [, Interface Ri =ﬁ
positions T e
MC
Microchannel R, =
Plate e Ave
. X Tfl
mlTin - m’Tout
ﬁ Fluld ﬁ Rf :i
Sh
TfZ
Bottom Slab R =2k
° kbsp\as
Tbs
Bottom Az,
- Q R =—20b_
Insulation bots T kA
Tamb

Figure 4.11: Schematic of thermal resistances in the test rig
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Table 4.3: Thermal Resistance Details of Test rig Segments

Component Material Alcm®) kW /m’C)  Az(mm) R(mW/°C)
Top Insulation Polyisocyanurate 1575  0.022 50 14430
Top slab K6082 Aluminum 816 180 10 0.681
Interface (1) Air 720 0.02 0.1 69.44
Interface (2) Grease 720 231 1 6.013
Interface (3) Air 720 0.02 0.2 138.9
Interface (4) Air 720 0.02 0.5 347.2
Micro-channel plate  K6082 Aluminum 720 180 3 0.231
Bottom slab K6082 Aluminum 816 180 1 0.681
Bottom insulation Polyisocyanurate 1575  0.022 50 14430
Thermal Fiber Glass fabric  0.15 2.64 0.1 252.5
Attachment pads

The temperature difference across the interface can be quite substantial if the grease
layer is removed. This can cause significant uncertainties in temperatures measured
by thermocouples and RTDs. Also, the thermocouple tips have very low thermal
resistance; this implies a potential for higher rates of heat flow through the tips,
which can compromise the plate temperature readings. The strategy adopted to
overcome these challenges was to use adhesive fiber-glass thermal attachment pads.
These pads were used to stick the thermocouples to the plate and act as a thermal
insulation between the top slab and the tips of the thermocouples; the high thermal
resistance of the fiber glass reduces the chances of making the 0.5 mm thermocouple
tips a path for thermal conduction. Similarly, putting a number of the thermal
attachment pads, which were uniformly distributed, promoted a uniform air gap
contributing to a fairly even thermal resistance between the plate and top slab.
Though, this approach leads to a significant thermal gradient at the interface, the
thermal attachment pads increases the probability of the thermocouples reading the

temperature of the plate rather than the interface.
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The interface thickness was then checked by comparing the sum of the individual
thicknesses of the slabs and plate, to the thickness of the clamped sandwich

(procedure for measuring the sandwich is shown in Figure 4.12b).

The surface contact between the micro-channel plate and the bottom slab was
checked in two ways. Firstly, an imprint the channel ribs can be seen on top surface
of the bottom slab in Figure 4.4a, which suggests good contact between the channel
ribs and the bottom slab. Secondly, the Perspex bottom slab was used to visualize the
flow; the fluid was observed to flow through individual channels suggesting that the
ribs between channels were in good contact with the bottom slab. Therefore the
difference between the sum of the individual components thickness and the

assembled sandwich thickness can be concluded to be the interface thickness; this

was found to be approximately 0.15 mm .

Figure 4.12: (a) Distortion of grease layer (b) Procedure for measuring the sandwich

4.2.2.4 Heat loss

The insulation box has a very high thermal resistance (see Table 4.3), hence it is
expected that the bulk of the heat flux from the heater mats, will ultimately be

transferred to the fluid. However, since the insulation is not perfect, some of the
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heat will be lost to the ambient. This heat loss was estimated by applying the
conservation of energy principle (assuming no internal heat generation and

negligible heat loss from the sides) as illustrated in Figure 4.11.

The heat loss from the top insulation will be

Qtoploss = Rti (Tmat _Tamb) (48)

The heat loss from the bottom insulation will be

Qbotloss = Rbi (Tbs _Tamb) (49)

The heat absorbed by the top slab which is then transferred to the micro-channel

plate (since side losses are negligible) will be

qup = Qtotal - Qtoploss (410)

Therefore, the heat supplied to fluid should be equal to the enthalpy change.

Qfluid = qup _Qbotloss = me (Tout _Tin) (411)

However, when experimental data were analysed, the equality in equation (4.11) did
not hold. This could be attributed to the imperfect insulation at joints and at points
where instruments/piping pass through. Heat loss to the ambient can be amplified as
a result of these. A modified method of estimating the heat loss, equation(4.12), was

therefore adopted.

Qioss =VI —eC, (Tow —Tin) (4.12)

[o] in
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This is the difference between the electrical power consumed by the heater mats and
the enthalpy change in the fluid. This method provided higher certainty as fluid
temperature at inlet and exit could be checked in about three ways; the temperature
probes inside the ports, the thermocouples at the outside walls of the ports and the
control panel of the temperature controlled bath. Similarly, the mass flow meter was
checked by timing flow into a measuring cylinder (details of calibrations/checks of
all instruments are presented in section 4.4). Figure 4.13a shows the heat loss as a
function of mass flow rate at various temperatures. The heat loss in this figure is
defined as

me, (To, —T,

out |n) (413)

—1—
Q|OSS VI

It can be observed that above flow rates of 10 g/s, the heat loss can be seen to be
fairly constant at a given temperature. Also, as expected, the heat loss increases with
temperature. Figure 4.13b shows the heat loss as a function of power supplied, a
linear relationship can be observed and the heat loss can be seen to be a function of
the power supplied. It should be noted that the ambient temperature was fairly

constant (around 22 °C) for all experiments.
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Figure 4.13: Heat loss at different (a) temperatures (b) input power
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4.2.2.5 Temperature differences

The temperature difference across the interface will be

ATint =Q

sup Rim

(4.14)

The thermal resistance across the sandwich (between top and bottom insulation) will

be

Rrig = Rts + Rint + Rf + Rbs (415)

The expected temperature difference between the upper face of the top slab and the

lower face of the bottom slab will be

ATrig = qup Rrig (416)

This will result in a temperature gradient across the test rig of

2lrg (4.17)

Figure 4.14 compares the measured temperature gradient to predictions for three (3)
interface thicknesses. It can be observed that at heat fluxes below 100 W (which
corresponds to heat fluxes used for most experiments), the measured temperature
gradient is between predicted temperature gradients for 0.1 mm and 0.2 mm thick
interface. This is similar to the interface thickness obtained from measurement

procedure outlined in sub — section 4.2.2.3.
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Figure 4.14: Temperature gradient across test rig
4.2.3 Data Reduction

Post steady state data were used for analyses. The criterion for steady state was

defined by

ar <25x107° °C/s
dt

(4.18)

This was reached after approximately 10-15 minutes for any given constant flow
rate. The mean of about 200 data points, after reaching steady state were used for
analysis. This sample size is sufficiently large to minimize errors in estimating the
mean (Holman, 2012), giving a typical standard deviation of 0.016 °C. Below are

some of the main parameters estimated from the measured quantities.
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4.2.3.1 Mean plate temperature

The mean plate temperature T,, was estimated by taking an average of all the

thermocouples on the plate.

n
2o
_ it

n (4.19)

Tp

4.2.3.2 Mean fluid temperature

The mean fluid temperature, T was estimated as the average of the inlet and outlet
fluid temperatures. Thermo physical properties of the fluid such as specific heat
capacity, thermal conductivity and dynamic viscosity were estimated at the mean

fluid temperature.

2 (4.20)
4.2.3.3 Heat flux

The heat flux to the fluid was estimated using the enthalpy change in the fluid
(assuming negligible viscous heating). As noted in sub — section 4.2.2.4, this method
is a more reliable option due to heat losses that may not be accounted for. Therefore,

the heat flux into the fluid will be
Qg = MC AT, (4.21)
Where

AT, =(To —Tin) (4.22)

[o] in
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4.2.3.4 Surface Area
The surface area available for heat transfer will be
S, =2N_L(a+h) (4.23)
4.2.3.5 Heat transfer coefficient

The heat transfer coefficient was estimated by rearranging Newton’s law of cooling

which yields

__Q
=g T (4.24)

4.2.3.6 Pumping power per collector area

The power required per collector area was estimated by

W= [ﬁ]@ (4.25)

A ) p

4.2.3.7 Friction Factor
The friction factor was estimated by

f:Apﬂ 22
L pv,

(4.26)

Details of other parameters estimated from the measured quantities are presented in
the relevant chapters. Comprehensive results from this test rig are presented in

chapter 6.
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4.3 Counter Flow Heat Exchanger

A different test rig was designed to confirm the results obtained (presented in chapter

6) from the heated sandwich test rig. Some of the objectives of this test rig design are

This test rig was made as a counter flow heat exchanger to eliminate
uncertainties resulting from the thermal contact resistance at the interface of
the heated sandwich.

The micro-channels were made longer to ensure a higher percentage of fully
developed flow .

The rig was designed to have much higher heat fluxes into the fluid; this was
done to reduce the magnitude of errors in estimating the heat transfer
coefficient (i.e. higher heat flux implies higher temperature and a reduction in
the percentage error from thermocouple measurement).

This test rig was made to have fewer channels for a more even flow

distribution between channels.

4.3.1 Description

The counter flow heat exchanger was made up of two identical 540 x 80 x 10 mm

aluminum slabs — a “hot” and “cold” side. A thinner (4 mm) plate with 2 mm micro-

channels on both faces, was sandwiched between the two slabs. A cross section

illustrating the arrangement is shown in Figure 4.15 . The slabs and plate were held

together by M4 fasteners along the edges. A Polyisocyanurate box was used to

insulate the test rig.
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Figure 4.15: Cross section of counter flow heat exchanger

Figure 4.16: Inner faces of slabs

Figure 4.16 shows the inner faces of the two slabs; each slab had two 45x% 15 x 2 mm
manifolds machined on opposite ends. The thermal working fluid entered and exited
the manifolds through "4” BSP fittings which were located diagonally across each
other. These faces had grooves for O — rings to be placed to ensure a firm seal. Five
(5) thermocouples (arranged 125 mm apart) were mounted on the outer faces of both
slabs (as shown in Figure 4.17). These were used to measure the temperature of the
hot and cold side slabs (Ts, and Ts). One thermocouple and one RTD were placed
inside each of the 4 ports. These were used to measure fluid inlet (Thi, and Tcin) and
fluid outlet (Thout and Teou) temperatures. These temperature probes were inserted
after elbow fittings to promote fluid mixing and ensure accurate bulk fluid
temperatures were read. Thermocouples were also stuck at the outside walls of these

ports as a second check for fluid temperature measurements.
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Figure 4.17: Thermocouple arrangement on slab
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Figure 4.18: Schematic showing position of thermocouples

The temperature controlled circulating bath supplied the heat transfer fluid to the
inlet port of the hot slab, the fluid from the exit port of the hot side was then passed
through a fan heat exchanger. The cooler fluid from the fan heat exchanger was then
supplied to the inlet port of the cold side. This arrangement was done to eliminate
duplication of equipment (which could be an additional source of error) and ease of
measurement arising from a constant mass flow rate at both sides. A schematic of

this is shown in Figure 4.19 while the actual apparatus can be seen in Figure 4.20.

The mass flow rate (rn) was measured using a Coriolis mass flow meter and a
differential pressure sensor was connected to the inlet and exit port of the hot side to
measure the pressure drop (4p). All the measured quantities were logged with a 16-
bit National Instruments data acquisition system via Labview. At a given flow rate,

the temperatures reached steady state after approximately 10—15 minutes. Enthalpy
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change of the fluid at both sides were used to calculate the heat flux out of and in to
the fluid at the hot side and cold side respectively, the difference in heat flux at both

sides was less than 5 % which can be attributed to heat loss.

S HOT SIDE >—
HEAT
EXCHANGER
COLD SIDE —

TEMPERATURE
CONTROLLED
CIRCUILATING
BATH

Figure 4.19: schematic of counter flow heat exchanger

Figure 4.20: The counter flow heat exchanger test rig (a) side view (b) end view

A picture of the micro-channel plate can be seen in Figure 4.21. Relevant design

considerations and calibrations outlined in sub — section 4.2.2 were applied to this
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test rig also. This counter flow heat exchanger was connected in parallel with the
heated sandwich test rig. Two valves(2-way) were used to switch flow between the

two test rigs. The whole arrangement can be seen in Figure 4.20b.

Figure 4.21: Micro — channel plate for counter — flow heat exchanger

4.3.2 Data Reduction

4.3.2.1 Mean Slab temperature

The mean temperature of the slab on the hot side was estimated by

_ Tshl +Tsh2 +Tsh3 +Tsh4 +Tsh5

5 (4.27)

Tsh

The mean temperature of the slab on the cold side was estimated by

T = Toer T Tseo +Toea +Toea +Toes

¥ 5 (4.28)
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4.3.2.2 Mean fluid temperature

The mean fluid temperatures at both sides were estimated by taking the average of
the fluid temperature at inlet and outlet. The mean fluid temperature at the hot side

was estimated by

2 (4.29)
The mean fluid temperature at the cold side was estimated by

+T

ch _ _Cin cout
2 (4.30)
The thermo physical properties of the fluid such as specific heat capacity, thermal
conductivity and dynamic viscosity, were estimated with the mean fluid temperature

at the cold side.
4.3.2.3 Log mean Temperature difference

The log mean temperature difference which is used for heat exchanger calculations

was estimated by

(Thin = Teout) = (Thout = Tein)) (4.31)

Iog (Thin _Tcout j
Thout =T

cin

ATy =

4.3.2.4 Heat flux

The heat flux from the hot fluid to the micro-channel plate was estimated by

th = mcph (Thin _Thout) (4-32)
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The heat flux from the micro-channel plate to the cold fluid was estimated by

ch = n;]Cpc (Tcin _Tcout) (433)

The heat flux into the cold fluid was used as the heat flux for estimating other

parameters.
4.3.2.5 Surface Area
The surface area available for heat transfer is calculated from
S, =2N,L(a+b) (4.34)
4.3.2.6 Heat transfer coefficient

The overall heat transfer coefficient of a heat exchanger is given by

_ % (4.35)
SAT
And the heat transfer coefficient was estimated by
h=2H (4.36)

Details of other parameters estimated from the measured quantities are presented in

subsequent sections.

4.3.2.7 Pumping power per collector area

The pump power required per plate was estimated by
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W= [ﬂjﬂ (4.37)

4.4 Measuring Instruments and Equipment

This section discusses the various instruments and equipment used in the
experimental facilities as well as the techniques adopted to ensure accurate

measurements were obtained.
4.4.1 Thermocouples

Thermocouples were used as the main instruments for measuring temperatures. Most
of the quantities were measured with type T (copper constantan) thermocouples.
Applied sensor technologies (AST) recommends this thermocouple type for use in in
mildly oxidising atmospheres and applications where moisture is present (AST,
2014). The copper constantan alloy is also suitable for these low temperature
measurements since the homogeneity of the component wires can be maintained
better than with other base metal wires. Therefore, errors due to material variation
within wires in zones of temperature gradients are greatly reduced (AST, 2014). A
few type K thermocouples were used randomly for validation. Diameter of

thermocouples ranged from 0.25mm to 1mm, depending on the location.
4.4.1.1 Calibration

The main parameters needed to be estimated from temperature measurements are
mostly functions of a difference in temperature rather than the absolute temperature
measurement. Therefore, it was imperative to ensure high precision of all
thermocouples. This was achieved by using the calibration function of the Data

Acquisition (DAQ) system. The function calibrates all the selected channels thereby
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compensating for the inaccuracies in the whole measurement system. All the
thermocouples to be used were bonded together, put in the bath and calibrated at a
number of temperatures (0 -100 °C) to match bath temperature readout. Figure 4.22a
shows a picture of the bonded thermocouples in the bath. A handheld thermometer
and a temperature calibration kit (shown Figure 4.22b) were used to confirm

accuracy of bath read out.

Figure 4.22: (a) Thermocouples in bath (b) Calibration Kit

Figure 4.23 shows a plot of the temperature readings before and after calibration. A
difference of up to + 0.35 °C can be observed before calibration, this reduces to less
than £0.06 °C after calibration; this difference was consistent at various temperatures
and several experiments. It was therefore adopted as the uncertainty in thermocouple
measurement. Table 4.4 shows the standard deviation, variance and 95% confidence

level (Student t’s) of 100 measurements from 14 thermocouples.

85



Temperature, °C

Figure 4.23: Thermocouple reading (a) before and (b) after calibration

Table 4.4: Statistical Analysis on thermocouple readings .10, ¢

TC 1 2 3 4 5 6 7 8 9 10 11 12 13 14

o 141 143 132 133 148 150 144 146 143 143 155 165 138 16.2
2
20 20 18 18 22 22 21 21 20 20 24 27 19 26

Y
Ass 281 284 263 264 295 298 286 290 284 284 308 329 275 323

4.4.2 Resistance Temperature Detectors (RTDs)

The experimental facility was initially designed to utilise Platinum (PT100)
Resistance Temperature Detectors (RTDs) as primary temperature probes. However,
this proved difficult due to the size of the RTDs; the smallest available RTD off the
shelf, had diameter of 3 mm. For example, the RTDs measuring the plate
temperature were inserted in a groove in the top slab which implies that the readings
from the RTD could be a temperature at the interface or the top slab temperature.
However, RTDs which were placed inside fluid/entry/exit ports proved to be highly

valuable as they confirmed fluid temperatures.

A signal converter module (shown in Figure 4.24) was designed and built. This
module was used to supply excitation current to the RTDs as well as convert the
output current to the standard 4 — 20 mA output signal. The output signal from each
RTD was conducted through a 250Q precision resistors and the voltage (1-5 V)
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across each resistor was logged by the DAQ. These voltages were converted to
temperature via a linear scale in the scale function of measurement and automation
explorer (MAX) software in the NI DAQ. Further details of the module are presented
in Table 4.5. The RTDs were calibrated in the same way as the thermocouples and a

similar variation was observed.

Figure 4.24: RTD signal converter module

Table 4.5: Details of RTD signal converter module

Output into 7502 @ 24V 4 - 20mA

Temperature range -50°C - 150°C

Power Supply Voltage 9-30Vvdc

Transmission Error typ. 0.2% max. 0.5% V. FSR
Linearity <0.1% V. FSR

Supply Current/RTD 0.8mA
Ambient Temperature 0 to +50°C
Resistor 2500

4.4.3 Coriolis Mass Flowmeter

A CMO025 Coriolis mass flowmeter was used to measure the mass flow rate. This
instrument uses the Coriolis principle to simultaneously but independently measure
mass flow rate and density. The accuracy of mass flowmeter read-out was checked

by timing deionised water flow into a measuring cylinder (shown in Figure 4.25a).
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Figure 4.25b compares the measured flow rate to the flow meter’s display; the curves

can be observed to differ by less than 2% .

The voltage output of the mass flowmeter was connected to the DAQ and a linear
scale, which converts voltage to grams per second (g/s), was created in MAX and
assigned to this channel. This channel was then calibrated to match the display read-
out of the mass flowmeter. Figure 4.26 shows the mass flow rate logged

continuously for 500 seconds; a variation of about + 0.06 g/s can be observed

indicating a high level of precision.

301
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Figure 4.25: verifying accuracy of Coriolis mass flow meter

0 100 200 300 400 500 600
Time, s

Figure 4.26: Mass flowmeter readings after calibration
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4.4.4 Differential pressure transducer

A differential PMP 5023 Pressure Transducer from GE Measurement & Control
Solutions (shown in Figure 4.27a) was used to measure the pressure drop across the
test section. The pressure transducer was designed to have a full thermal calibration,
and a compensated temperature range of -40 °C to +125 °C. The pressure transducer
channel was calibrated, as described in the previous sections, to match a hand held
manometer. Figure 4.27b shows the differential pressure readings logged over 400
seconds after calibration, an average variation of £40 Pa can be observed which is

small compared to expected pressure drop (which will be in the kPa range).

Pressure Drop, Pa

500

Time, s

Figure 4.27: (a) Differential Pressure transducer (b) Pressure drop readings after

calibration

4.45 National Instrument data acquisition system

The signals from the measuring instruments were logged with a NI SCXI DAQ
system. This system included several 32 channel SCXI-1303 terminal blocks (shown
in Figure 4.28b) to which the measuring instruments were connected. These terminal
blocks include isothermal construction that minimizes errors caused by thermal

gradients between terminals and the cold-junction sensor. They also include circuitry
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for open-thermocouple detection as well as automatic ground referencing for floating
(non- grounded) thermocouples. The terminal block was connected to a NI SCXI-
1102 thermocouple/voltage input module (shown in Figure 4.28a). These modules
are designed for high-accuracy thermocouple measurements but can also acquire
millivolt, volt, 0 to 20 mA, and 4 to 20 mA current input signals. Each input channel
includes an instrumentation amplifier and a 2 Hz low pass filter. Analog input
channels can be scanned at rates up to 333 kS/s (3 ps per channel) (NI, 2014). Two
of these modules were connected to a NI PXI 1052 chassis and a NI 8352 controller
was used. Graphical programs were written in Labview to write all measurements to

file.

Figure 4.28: (a) SCXI-1102 Voltage input module (b) SCXI-1303 Terminal Block

4.4.6 Circulating Bath

A Huber ministat 240cc bath (shown in Figure 4.22a) was used to supply the heat
transfer fluid at constant temperature and flow rate to the test rig. A summary of the
technical details of the temperature controlled circulating bath is presented in Table

4.6.

Two heat transfer fluids were used during the course of the experiments; distilled

water and Tyfocor® LS, a propylene glycol-based heat transfer fluid for solar
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collectors. Using two fluids allowed for a wider range of fluid properties variation to
be studied. Also, using Tyfocor LS further strengthened the comparability of the test
to real life operation. The relevant properties of Tyfocor are presented in

Table 4.7

Table 4.6: Details of circulating Bath

Technical Data

Operating temperature -40 to 200 °C
Heating power 2 kW
Cooling power 0-80 °C 0.55 kW
Pressure pump max delivery 27 l/min
Delivery pressure (head) 0.7 bar

Max delivery (suction) 20 I/min
Delivery suction (head) 0.4 bar

Max permissible  kinematic 50 mm?/s
viscosity

Bath Volume 491

Table 4.7: Properties of Tyfocor

Temp Density Viscosity Specific Heat Thermal Conductivity Prandtl

°C  Kg/m®* mm%s  KJ/Kg°C W/m °C Number
0 1044 15 3.52 0.4 137.81
10 1040 8 3.55 0.406 72.75

20 1033 5 3.6 0.413 45.02

30 1028 3.5 3.64 0.42 31.18

40 1022 2.5 3.68 0.428 21.97
50 1015 1.95 3.72 0.434 16.97

60 1008 1.7 3.76 0.441 14.61
70 1001 1.4 3.8 0.449 11.86
80 994 1.1 3.84 0.455 9.23

4.4.7 Statistical Analysis

The standard deviation, variance and 95% confidence level (Student t’s) of 100

measurements from each instrument were estimated. In the case of thermocouples,
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the mean of 200 measurements of each thermocouple were taken and then the mean

of all the thermocouple mean temperatures was used. The same was done for the

RTDs. Equations

(4.38)-(4.40) (Holman, 2012), show the relation for these

parameters and their corresponding values are presented in Table 4.8.

Standard deviation,

Variance,

Confidence level,

Where

Table 4.8: Statistical parameters of measured instrument

(4.38)

(4.39)

(4.40)

(4.42)

Parameter Thermocouples RTDs Flowmeter  Pressure transducer
(°C) (°C) (9/s) (Pa)
Standard Deviation 0.016331 0.016331 0.032 8.37
variance 0.000267 0.000267 0.001 70.13
95% confidence Level 0.009428 0.009428 0.006 1.67
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4.4.8 Uncertainty

The uncertainty in each instrument has been presented above. Uncertainties in
geometric parameters were estimated using high precision measuring instruments as
well as manufacturers’ specifications. Table 4.9 shows the uncertainty in the relevant
measured and geometric quantities assuming that the deviations in each term were
uncorrelated. The uncertainty in parameters calculated from measured and

geometric quantities were estimated by equations (4.42) — (4.45) (Holman, 2012).

For a product function of the form
R=X"X5? ...X" (4.42)

The uncertainty was estimated as

o a0, 2
?[Z( ] } @43

While for an additive function of the form
R=ax +a,X, +...a,X, = D aX (4.44)

The uncertainty was estimated as

o, = [Z(aia)xi )ZTIZ (4.45)

Equation (4.43) and (4.45) can be combined in functions which are both additive and

product.
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For example, equation  (4.46) was used to estimate the uncertainty in the heat
transfer coefficient. Figures showing error bounds on various parameters will be

presented in chapter 8.

o = h“%} {%j +(1’T” (4.46)

Table 4.9: Uncertainties in measurement

S/No Parameter Uncertainty

1 a, b,L +0.025mm
2 Dn 0. 055 mm
3 S +1145 mm?
4 Ac +0.05 mm
4 Tiny Tout, Tpi +0.06°C
6 m +0.15 g/s
7 AP +15 Pa

4.5 Summary

This chapter has presented a detailed description of the two experimental test rigs
(the heated sandwich and the counter — flow heat exchanger) designed to investigate
heat transfer and fluid flow in micro-channel absorber plates. It discusses the various
design considerations as well as the evolution of the experiment. Details of the
various instruments and equipment used were discussed and procedures undertaken

to ensure accuracy, precision and repeatability of experimental data were outlined.
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5. Numerical Analysis

5.1 Background
Several studies focused on heat transfer and fluid flow in micro-channels have
highlighted the importance of carrying out numerical investigation in conjunction
with experimental studies. For example, Rosa et al. (2009), in a comprehensive
review of heat transfer and fluid flow in micro-channels, noted that for the case of
heat exchangers with parallel micro-channels or when scaling effects are significant,
correlations may only give a gross estimation of the Nusselt number hence suitable
numerical simulations are necessary. Gamrat et al. (2005) stated that numerical
modelling may be a very helpful tool to interpret experimental data, to test
assumptions and may be also very useful to evaluate the relative importance of the
physical phenomena possibly involved in micro-channel heat transfer. Fedorov and
Viskanta (2000) investigated conjugate heat transfer in a silicon heat sink with
rectangular micro-channels. Their numerical and experimental results were in good
agreement and they observed very complex heat flow patterns. They further showed
that there is a very strong coupling between convection in the fluid and conduction in
the silicon substrate that can only be resolved by a detailed three dimensional (3D)
simulation. Lee et al. (2005) investigated heat transfer in 10 parallel rectangular
micro-channels with hydraulic diameters ranging 0.3 — 0.9 mm and found that that
the experimental results disagreed with all of the tested correlations but were well
predicted by numerical simulations. This was attributed to the fact that 3D effects in
the solid walls and fluid can significantly modify the thermal wall boundary
condition in a heat exchanger with parallel channels. They recommended the use of
numerical simulations with suitable boundary conditions, instead of correlations, to

predict the performance of heat sinks using micro-channels.
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In view of these, a 3D numerical simulation seems to be a pertinent part of
investigating heat transfer and fluid flow in these micro-channel absorber plates. A
numerical simulation has the potential to accurately measure the scaling effects, mal-
distribution in the manifolds as well as address the 3D effects in the solid and fluid.
Several commercial CFD software tools can be used to achieve this, for example,
star CCM, Comsol, Fluent and CFX. This chapter presents details of the methods
used in performing 3D numerical simulation on the micro-channel plates using a

commercial CFD package - ANSYS CFX.

5.2 ANSYS CFX - Overview and Validation

ANSYS CFX software is a high-performance, general purpose fluid dynamics
program that has been applied to solve wide-ranging fluid flow problems for over 20
years (Ansys, 2014). The package uses the Navier—Stokes equations to describe the
fundamental processes of momentum, heat, and mass transfer. The solver is highly
parallelized and incorporates a number of mathematical models that can be used
together with the Navier—Stokes equations to describe other physical or chemical
processes such as turbulence, combustion, or radiation thus offering a wide range of

physical models to capture virtually any type of phenomena related to fluid flow.

This solver, like most commercial CFD packages, uses a finite volume approach; it
integrates the conservation equations (equations (5.1),(5.2) and (5.3)) over all the
control volumes in the region of interest i.e. applying a basic conservation law to

each control volume.

Continuity

%’"w-(puE):o (5.1)



Momentum

o(pUe)
ot

+Ve(pU.®U )=-Vp+Ver+S, +S, (5.2)
Energy

Gpgtgmt _%+V.(IDLJEhEt0t):Vo(kVT)+Vo(UE o7)+U, oS, +S, (5.3)

Where
T 2 1 2
T=U VUE +(VUE) —EW.UE hEtot:hE +§U

The integral equations are then converted to a system of algebraic equations by
generating a set of approximations for the terms in the integral equations (Ansys,
2010b). The algebraic equations are solved iteratively (because of the non-linear
nature of the equations), until it converges (approaches the exact solution). One of
the most important features of CFX is that it uses a coupled solver, which solves the
fluid flow and pressure as a single system and faster than the segregated solver up to
a certain number of control volumes as it requires fewer iterations to achieve equally

converged solutions (Qi et al., 2010).

This study is focussed on heat transfer and fluid flow therefore, a thermal energy
model, which solves the energy transport equation, was used. The thermal energy
model for the fluid is shown in equation (5.4), this model neglects variable density
effects, however it is appropriate for the analysis as it is recommended for low speed
liquid flows (Ansys, 2010b). The model for heat transfer in the solid domain is

presented in equation(5.5).
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6p8htaot _%pw.(pUEhm)=v.(kVT)+v.(uE o7)+ S, (5.4)

Transient

Convection Conduction viscouswork Sources

@:v-(kwp Se (5.5)

- Conduction Source
Transient

As can be expected, this 20 year old solver has been used and validated by many,
examples include Sklavounos and Rigas (2004), Frank et al. (2010) and Qi et al.
(2010). The validity of using this CFD package for this application was checked by
simulating the heated sandwich test rig. The simulation results were then compared
to experimental results. The procedure for performing the heated sandwich
validation is discussed in detail to illustrate the methods adopted in geometry
creation, mesh generation, domain setup, boundary condition and general solver

settings.
5.2.1 Heated Sandwich Validation

The software was validated by simulating the heated sandwich experiment. This was
done using the Ansys Workbench platform which incorporates the various stages

necessary for performing a CFD analysis; these stages are discussed in detail below.
5.2.1.1 Geometry Creation

The first step in a CFD simulation is to create a geometry that adequately represents
the physical system to be studied. A geometry representing the heated sandwich test
rig was created with Ansys DesignModeller. This geometry consisted of four
computational domains within which the equations of fluid flow and heat transfer

were solved. The domains are the fluid, micro-channel plate, top slab and bottom
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slab. It should be noted that the two domains of interests are the fluid and micro —
channel plate; however, the bottom and top slabs were included to have a geometry
representing the experimental test rig. Figure 5.1a shows a wireframe of the whole
geometry, it can be observed to be an exact replica of the actual test rig. Figure 5.1b
shows the isolated fluid domain; it was created by filling the cavity between the
micro-channel plate and the bottom slab. This can be seen to adequately represent
fluid flow in the channels as well as the manifolds. The dimensions of the channel
depth, width and pitch were set as workbench input design parameters to easily

match the different plates.

Figure 5.1: (a) Heated sandwich geometry (b) Fluid domain

5.2.1.2 Mesh

The next stage of the analysis is to discretise the domains into a number of small
control volumes. This was done using the Ansys meshing program. Due to the small
size of channel walls and plate thickness, unstructured grids consisting of tetrahedral,
pyramid and prismatic elements, were employed. It is pertinent to carefully choose
the mesh size so as to avoid adverse effect on the simulation accuracy, hence the
quality of the mesh was checked in two ways. Firstly, mesh-associated parameters
such as the edge length ratio, maximum and minimum face angle, connectivity

number, and element volume ratio were checked (Ansys, 2010c). Secondly, the
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influence of mesh size on the parameters of interest was checked. This was achieved
by running simulations with differently refined meshes. It should be noted that the
coarseness of the mesh for fluid and plate could not be more than half of the channel
depth because the 3D simulation requires at least two mesh layers in a domain.
Figure 5.2a shows the effect of the mesh size on the micro-channel plate domain by
comparing the micro-channel plate temperature profile at different number of mesh
nodes. It can be observed that the four finer meshes show mesh independent
solutions (temperature varies by less than 0.1° at any given position) while the
coarsest mesh can be observed to have a more significant difference (about 2 °C).
The effect of mesh refinement on fluid temperature is shown in Figure 5.2b, the
temperature at any given position varies by less than 0.1°C which indicates a mesh

independent solution for the fluid.

Table 5.1 gives details of meshes for the various domains; finer meshes were
adopted for the domains of most importance (plate and fluid); a magnified and
sectioned view the mesh in these domains can be seen in Figure 5.3. The fineness of
the mesh was limited to a total of half a million nodes (this is the limit the academic
licence available at the institution of study), therefore, the mesh could not be made
fine enough to resolve the boundary layer growth on all channels. The mesh on the
fluid domain in a few channels was however made very fine, by using various mesh
tools and controls. The boundary layer development on these few channels could be
resolved and could be used as a representation for all channels. More details of the

boundary layer will be given in subsequent discussion chapters.
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Fluid
Table 5.1: Details of the mesh used
Domain Nodes Elements Body Min size Curvature
Spacing Normal Angle
MC Plate 163989 654770 0.8mm 0.1 mm 18°
Bottom Slab 29968 138149 - 0.2 mm 18°

Figure 5.3: A magnified view of the mesh
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5.2.1.3 Domain and boundary conditions

The next step of the simulation is to define the properties of the various domains and
their corresponding boundary conditions. These were done to match actual
experiments as much as possible however, some assumptions were made. These

include

I.  The flow is laminar and can be approximated as steady state.
Il.  Incompressible fluid flow.
I1l.  Fluid properties are constant.

IV.  Viscous dissipation, radiation and buoyancy are negligible.

The domain definition and corresponding boundary conditions for the four

computational domains are discussed below.

(a) Top Slab

The component of the geometry representing the top slab was defined as a solid
domain with the material type set to aluminium. Properties of aluminium in the
material library were corrected to those for aluminium 6082 alloy; this was the
material used to make components of the test rig. The thermal energy option of the
heat transfer physical model was selected. The domain initialisation was set to
automatic, this option allows CFX-Solver to calculate values for the solved variable

at the start of the solution(ANSYS, 2010a).

The boundary conditions were set to represent the various experimental runs. The
main boundary condition set for the top slab was the heat flux supplied by the heater

mat. This was done by setting the upper face of the top slab to a constant heat flux
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boundary condition. To account for thermal losses in the experiment, the value of
this was set to the fluid’s enthalpy change obtained from the experiment instead of
measured electrical power consumed by the heater mat.  Expressions for
experimental variables were written using the CFX expression language (CEL).
These expressions were then set as workbench input parameter which allowed
experimental variables to be easily set. The four sides of the top slab were set to
adiabatic walls, thereby simulating a perfect insulation at the sides since the thermal
losses have been taken into account in the value of heat flux supplied. The lower face
of the top slab formed a solid — solid interface with the micro-channel plate; this is

discussed further in the interface section below.

(b) Bottom Slab

The bottom slab domain was similar to the top slab hence a similar setup was
applied. The sides and lower face of this slab were set to adiabatic walls while the
upper face which was in contact with the fluid, was set as a solid — fluid interface.
Figure 5.4 is a picture of the geometry highlighting the bottom slab (The geometry is

upside down to highlight the bottom slab).

Figure 5.4: The bottom slab domain
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(c) Micro-channel plate

The micro-channel plate was also set as a solid 6082 aluminium domain with an
automatic domain initialisation. Since the plate was sandwiched between the top and
bottom slab, the boundary conditions at the upper and lower faces are as a result of
the interface. Details of the various interfaces are discussed in the interface section
below. The sides of the micro-channel plate were set to adiabatic walls to indicate no

heat loss from the sides.

(d) Fluid

The part of the geometry representing the fluid was set as a fluid domain. The fluid
type set corresponded to the fluid used in the experiment to be simulated. Water is
already defined in the library however the other fluid used, Tyfocor LS, had to be
defined in the material library. The morophology option was set to ‘continuous fluid’
and buoyancy model was turned off. The thermal energy option of the heat transfer
physical model was selected. This models the transport of enthalpy through the fluid
domain and neglects effects of mean flow kinetic energy and is therefore adequate
for low speed flows (ANSYS, 2010a). Since all experiments were run at very low
flow rates (Re<100), no turbulence model was used i.e. The ‘None (laminar)’ option
of turbulence model was selected. Combustion and thermal radiation were also set to
‘None’. Domain initialisation was set to ‘automatic’ which is recommended for

steady state simulation(ANSYS, 2010a).

The face of the fluid at one of the ports (see Figure 5.5) was defined as the inlet
boundary with the flow regime set to ‘subsonic’ as this corresponds to the regime of

flow in the experiments. Since direct and accurate measurements of the mass flow
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rates were taken in experiments, the ‘Mass Flow Rate’ option of the mass and
momentum model was selected and a statistic temperature was set as the heat
transfer boundary condition for the inlet fluid. The mass flow rate and inlet fluid
temperature are experimental variables, CFX expression language (CEL) expressions
were written for these two variables and set as workbench input parameters. The
face at the other port was set as the outlet boundary, following the conservation of
mass principle; the value of the mass flow rate was set as equal to the mass flow rate
at inlet. The other walls of the fluid, which are interfaces, will be discussed in the

interface section below.

Figure 5.5: The fluid domain

(e) Interfaces

As has been highlighted earlier, the geometry consisted of several interfaces. The
main interfaces are discussed here. The first interface of interest is between the top
slab and the micro-channel plate. This was defined as a solid — solid interface with
heat transfer. The thin material option for the interface material was selected and
was defined as air with 0.15 mm interface thickness i.e. measured interface

thickness as discussed in chapter 4. Another solid — solid interface with a
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conservative heat flux heat transfer model was set between the channel ribs of the

micro-channel plate and the bottom slab.

Another interface is between the channel walls and the fluid, the manifolds and the
fluid as well as the bottom slab. This was set to a fluid — solid interface. A heat
transfer model was enabled to allow for a conjugate heat transfer solution. Figure 5.6

shows the fluid — solid interface between the channels/manifold and the fluid.

Figure 5.6: The fluid-solid interface

5.2.1.4 Solution

After accurate definition of the domains and boundary conditions, simulations were
run to match some of the experimental runs. Some of the precautions taken to ensure

accurate solutions include

I.  The solution no longer changes with subsequent iterations (checked by
increasing the minimum number of iterations for different runs).
Il.  Overall mass, momentum, energy, and scalar balances are achieved (checked
by viewing the solver monitor).

I1l.  Setting the maximum residual to 10°®
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IV.  Monitoring convergence using residual history.
V. Monitoring other relevant key variables/physical quantities for a

confirmation.

One of the advantages of the Ansys Workbench is the interactive post processing
GUI that allows results of simulations to be thoroughly investigated. Most of the
variables of interest such as heat flux, wall heat transfer coefficient, skin friction and
fluid velocity for the whole domain are calculated and written to file. This allows the
value of any of these variables at any point in the domain to be estimated. This is
illustrated in Figure 5.7, which shows the CFD estimated temperature profile of the
micro-channel plate. Temperature measurements can therefore be taken at the same
location as temperature probes in the experiment thus making experimental and
numerical results more comparable. Expressions and new variables can also be
written using the CEL. This was used to define parameters whose experimental and
numerical values were to be compared; these variables were set as workbench output
parameters. More representative quantities could be measured in CFX post, for
example, the average fluid temperature can be estimated as the mass average fluid
temperature using the built in mathematical function MassAve, the average plate
temperature can be estimated as the average temperature at the plate-fluid interface
using the built in mathematical function AreaAve in conjunction with the ‘location’
function. It should be noted that the heat transfer coefficient written to file is the wall
heat transfer coefficient i.e. the temperature difference between the plate — fluid
interface and the adjacent fluid temperature. Therefore, an expression was written to
estimate the average heat transfer coefficient from the mass averaged bulk fluid

temperature and the average plate wall temperature.
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Figure 5.7: Plate temperature at the plate fluid interface

5.2.1.5 Comparing numerical and experimental results

Figure 5.8 shows a graph comparing the experimental and numerical results. Due to
the difficulty of experimentally measuring the fluid temperature along the channel
(Obot, 2002), only the inlet and outlet fluid temperatures are used. The curve from
the numerical simulation intersects both inlet and outlet fluid temperatures
suggesting energy is conserved. The simulated plate temperature profile differs
slightly from the experimental values, however, the difference is fairly constant
signifying that this might be an error resulting from uneven interface thickness in

the experimental setup.
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Figure 5.8: Comparing experimental and numerical results

5.3 Summary

This chapter presented an overview of the commercial CFD package, ANSYS CFX,
used for numerical analysis. The operation of the program was illustrated by a
detailed description of a study to validate experimental results; this highlighted
geometry creation, mesh generation as well as the domain and boundary conditions
setup. The numerical simulation also produced comparable results to the

experiments.
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6. Results

6.1 Experimental results

6.1.1 Heated Sandwich

In this test rig, experiments were run at four different inlet fluid temperatures (5°C,
20°C, 40°C and 60°C). For each fluid temperature, seven (7) different mass flow
rates were used. This section presents some representative results from the different

variations of this test rig.

6.1.1.1 Aluminium Base

Figure 6.1 shows the measured temperature profile from 12 thermocouples on the
micro-channel plate. The temperature can be observed to be fairly constant in the

transverse direction.
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Figure 6.1: Measured temperature distribution in metal plate
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Figure 6.2 shows measured heat transfer coefficients against fluid velocities for three
plates with different depths. A strong dependence of heat transfer coefficient on fluid

velocity can be observed.
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Figure 6.3: Nusselt number versus Peclet number

Figure 6.3 shows the measured Nusselt number as a function of the Peclet number.

The data is ploted against the Peclet number because the Prandtl number of Tyfocor
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LS varies from about 100 at 5°C to 22 at 40°C. Nusselt numbers for laminar flow
through channels with this aspect ratio will be expected to lie between 1.148 and
6.29, depending on the boundary condition. The measured Nusselt numbers are

however much lower.

Figure 6.4 shows measured pressure drop against fluid velocity: a linear relationship
between velocity and pressure drop is observed, as expected. The three plates have

similar pressure drops, in fact, the three curves can be approximated as one.
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Figure 6.4: Pressure drop versus fluid velocity

Figure 6.5 compares the measured and predicted friction factors; a similar trend
of friction factor with Reynolds number can be observed in both predicted and
measured values although measured friction factors are slightly lower than

predicted values based on numerical Poiseuille numbers for rectangular channels.
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Figure 6.5: Friction factor versus Reynolds number

6.1.1.2  PTFE and Perspex slabs

Figure 6.6 shows a plot of Nusselt number versus Peclet number for experiments
with the PTFE slab, the Nusselt numbers in this figure can be observed to be in the

the same range as observed previously.
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Figure 6.6: Nusselt number versus Peclet number
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Figure 6.7: Pressure drop versus fluid velocity
Figure 6.7 shows a plot of Pressure drop with fluid velocity for the PTFE base. The
pressure drop can be observed to increase with fluid velocity as well as well as

viscosity, which are both expected.
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Figure 6.8: Friction factor versus Reynolds number
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Figure 6.8 shows a plot of friction factor with Reynolds number. Trends similar to

those observed previously can be seen here.

It should be noted that the results from the PTFE test rig were not very useful as the
elasticity of the PTFE material caused it to deform resulting in a challenging

experiment.

The Perspex base was made primarily for visualising the flow. A fairly even
distribution of fluid (coloured to improve visibility) was observed through all
channels as opposed to no flow through some channels or flow under the channel

ribs.

6.1.2 Counter Flow heat exchanger

In this test rig, experiments were run at three different inlet fluid temperatures (40°C,
60°C and 80°C). Tyfocor and deionised water were used at different runs. The
schematic of this test rig was presented in section 4.3; the various temperatures are
defined there. For each fluid temperature, at least three (3) different mass flow rates
were used. Figure 6.9 shows the temperature profile of the slabs. A concave and

convex profile can be observed at the cold and hot side respectively.

Figure 6.10a and Figure 6.10b show plots of heat transfer coefficient against fluid
velocity for Tyfocor and deionized water respectively. The heat transfer coefficient
shows dependence on fluid velocity in both cases, however, using water produces
slightly higher heat transfer coefficients. Similarly, in Figure 6.11, a Reynolds
number dependent Nusselt number can be observed. These Nusselt numbers are
within 25% of predicted Nusselt numbers for fully developed flow in rectangular

channels.
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Figure 6.12 shows the pressure drop as a function of fluid velocity, tyfocor can be

observed to have up to four times higher pressure drops compared with water. Also

the pressure drop varies with temperature, while experiments using deionized water

have similar pressure drops regardless of the fluid temperature. The observations in

the experiments with Tyfocor can be attributed to its wide variation of Prandtl

numbers with temperature. Figure 6.13 shows plots of friction factors against the

Reynolds numbers, a similar trend can be observed at all fluid temperatures.

10000

9000

8000

7000

Pressure Drop, Pa

3000

2000+

1000+

6000
5000

40001

=»=T =40"C
=T ,=60'C
=T =80"C

1.4

%o

20 30 40 50 60 70
Fluid Velocity, cm/s

1.2p

Friction Factor
o o
(2] [o2]

N
IS
T

©
)

o

==T =40"C
=T, =60C]l
==T,=80"C

o

Pressure Drop, Pa

50 100 150 200 250 300 350 400

Reynolds Number

10000

9000
8000
7000
6000
5000
40001
3000
2000

1000

=-»=T_=40"C||
=T, =60'C

==T =80"C

%

0.048

0.046-

[=} o
'g o
S R

Friction Factor
o
o
5

0.038r

0.036r

0.034r

40 45 50 55 60
Fluid Velocity, cm/s

65 70 75

Figure 6.12: Pressure drop versus fluid velocity (a) Tyfocor (b) Water

=T =40"C
=4=T,=60C||
=T, =80"C}]

0'03800 800 1000 1200

Reynolds Number

1400 1600

Figure 6.13: Friction factor versus Reynolds number (a) Tyfocor (b) Water

117



6.2 Numerical Results

Several Numerical simulations were carried out. This section presents some of the

results from the Numerical simulation.

6.2.1 Heated Sandwich Simulation

Figure 5.7 shows the temperature profile of the plate at 0.1 mm below the fluid —

solid interface. This profile is almost impossible to detect with thermocouples.
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Figure 6.14: Plate temperature at the plate-fluid interface

Figure 6.15 shows the longitudinal temperature profile in 3 selected channels; left
(inlet port side — top of Figure 6.14 ), middle and right (outlet port side — bottom of
Figure 6.14). At the channel entry, a difference of about 1°C can be observed
between the channel close to the inlet port and that close to the outlet port, this
difference reduces in the flow direction becoming less than 0.1°C at the outlet

manifold.
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Figure 6.15: Longitudinal fluid temperature profile for 3 channels
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Figure 6.16: Transverse fluid temperature profile at different lengths
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Figure 6.17: Longitudinal velocity profile for 3 channels

Figure 6.16 shows the transverse temperature profile of plate at different lengths, it
can be observed that the profile flattens out in the flow direction; with a maximum
temperature gradient of 6.3°C/m at the entry and 1.5°C/m at the exit. Figure 6.17
shows the velocity profiles for the three channels selected previously: a large
variation in velocity can be observed from channel to channel. It shows that the
transverse velocity profile decreases from left to right. A clearer picture of the

velocity profiles are shown as contours in Figure 6.18.
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Figure 6.18: Velocity contours at (a) Inlet manifold (b) Middle of channels (c) Outlet

manifold

6.2.2 Simplified Model

In addition to the test rig geometry described in Chapter 5, a simplified geometry of
the proposed design was created with Ansys DesignModeller. This simplified model
was done to be able to perform simulations on finer meshes, because the academic
license is limited by the number of nodes. This geometry (shown in Figure 6.19)
consisted of three computational domains; the fluid, the micro-channel plate and the

cover plate. The results of this simulation are discussed in subsequent chapters.
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Figure 6.19: CFD geometry

6.3 Comparing Results

The axial temperature profiles of the fluid and plate were chosen as the parameters
for comparing results. This is because temperature profile is of significant
importance in estimating the overall thermal performance. Direct temperature

measurements were also taken at several locations in the experiment.

6.3.1 Analytical and experimental results

Figure 6.20, Figure 6.21 and Figure 6.22 show plots comparing the data points of the
heated sandwich experiment with the analytic model presented in Chapter 3. It can
be noted that the fluid profile intersects the measured inlet and outlet temperatures
and the curve becomes more linear with flow rate. In Figure 6.20, the measured
profile matches predicted profile within experimental uncertainty bounds; however,
in Figure 6.21 and Figure 6.22, which have higher flow rates, the predicted and
measured plate temperature profiles differ. In Figure 6.22, the predicted curve
divides the data points into two halves, which indicate a variation in the local heat

transfer coefficient in the flow direction. Comparing Figure 6.21 and Figure 6.22
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shows that this difference between measured and predicted plate temperature profile

increases with flow rate.
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Figure 6.20: Comparing analytic and experimental results (Re=10, Tj,=20.5 °C)
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Figure 6.21: Comparing analytic and experimental results (Re=54, T;,=59 °C)
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6.3.2 Simulation and experimental results

Figure 6.23 compares experimental (heated sandwich) and simulation results as a
function of temperature in the flow direction. It can be observed that the simulation
curve for the fluid temperature profile intersects experimentally measured inlet and
outlet fluid temperatures. This indicates that the conservation of energy principle is
satisfied. It should be noted that due to the difficulty of experimentally measuring the
fluid temperature along the channel, only the inlet and outlet fluid temperatures are
used. Simulated and experimental plate temperature profiles are similar in trend
although simulated temperature profile is slightly lower. This difference may be due
to the position of the thermocouples in the experiment. The thermocouples in this
experiment were at least 2 mm from the liquid/solid interface and slot in between the

top slab and micro-channel plate with a fibre-glass adhesive layer between the top
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slab and the thermocouple tip. This could have contributed to the slightly higher

measured plate temperatures.
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Figure 6.23: Comparing experimental and simulated results

6.3.3 Analytical and simulated results

Figure 6.24 compares the simulated profiles to those predicted by the analytical
model. The predictions are based on the average heat flux density as well as heat
transfer coefficient from numerical H1 Nusselt number for a channel with aspect
ratio of 0.5 and one adiabatic wall (Nu=3.306). The simulated and predicted profile
can be observed to match closely although a slight variation can be seen at the inlet
and exit. This can be attributed to the mass of fluid in the manifolds; the analytical

model only considers flow in the channel.
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Figure 6.24: Comparing analytical and simulated results

6.4 Summary

This chapter presented representative results of the analytical, experimental and
computational analyses. The results from the analytical study were in close
agreement with the experimental results, especially for low Reynolds number flows.
Similarly, results from the CFD study, using the same design and operating
parameters, produced results comparable with experiments. Thermal contact
resistance in the experimental setup resulted in a slight difference in measured and
computed metal plate temperature profile. A comparison of the analytical and
computational results showed almost identical results with the exception of the entry

and exit sections.
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7. Investigating Geometrical Parameters

7.1 Background

The collector efficiency factor £ is a parameter often used to characterise flat plate
collectors. F’ represents the ratio of the useful energy gain to the useful gain that
would result if the collector absorbing surface had been at the local fluid temperature
(Duffie and Beckman, 2006). Therefore, the convective heat transfer coefficient, h,
which determines the temperature difference between the absorber plate and the
fluid, is a good parameter for characterising the thermal performance of the plates;
the higher the heat transfer coefficient, the lower the temperature difference between
plate and fluid, the better the thermal performance of the plate. The heat transfer
coefficient depends on several factors including fluid properties, fluid velocity,
surface roughness and geometry (Cengel et al., 2011, Shah and London, 1978). The
performance can be enhanced both at the design (geometry and surface roughness)
and operation phases (fluid properties and fluid velocity). This chapter investigates

the effects of aspect ratio, surface roughness and manifolds.

7.2 Aspect Ratio

The theory and correlations for heat transfer and fluid flow in conventional sized
rectangular channels are well established; constant Nusselt number in the range
0.457 — 8.235, with the exact value depending on the cross sectional geometry and
surface boundary conditions, are expected for fully developed laminar flow (Shah
and London, 1978, Holman, 2010). Similarly in terms of friction factor, constant
Poiseuille numbers in the range 56.92 — 96.00 are expected for rectangular channels
with aspect ratios ranging from 0 — 1. Extensive studies over the past three decades
have however produced very inconsistent results. Some studies have found the

average Nusselt number to be Reynolds number dependent in the laminar regime
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(Peng et al., 1994, Peng and Peterson, 1996, Choi et al., 1991), some recorded lower
Nusselt numbers (Dixit and Ghosh, 2013, Qu et al., 2000, Gamrat et al., 2005) while
some recorded higher Nusselt numbers (Adams et al., 1998, Celata et al., 2002,
Bucci et al., 2003, Lee et al., 2005). Reviews on experimental and numerical studies
of heat transfer in micro-channels published by Sobhan and Garimella (2001),
Hetsroni et al. (2005b), Morini (2006), and Rosa et al. (2009) confirm the very
large scatter in published results. In fact, quite recently, Dixit and Ghosh (2015)
who presented the state of the art on heat transfer in micro and mini channels, noted
that standard design and analysis methodology for miniaturised channels, whether

using theoretical or experimental techniques, are not yet available.

The importance of the micro-channel geometry has been highlighted by many;
Naphon and Khonseur (2009) concluded that the micro-channel geometry
configuration has significant effect on the enhancement of heat transfer and fluid
flow. Dogruoz et al. (2010) stated that the wall heat transfer coefficient shows more
dependence upon geometry than upon flow rate. This chapter therefore investigates

the effects of the channel geometry on the overall plate performance.

7.2.1 Theory

A numerical investigation for Nusselt numbers for laminar flow in rectangular
channels under H1(constant axial wall heat flux with constant peripheral wall
temperature) boundary condition was presented in Shah and London (1978).
Similarly, Dharaiya and Kandlikar (2011) numerically investigated the H2 (constant
axial wall heat flux with uniform peripheral wall heat flux) boundary condition in
rectangular channels. These boundary conditions represent the theoretical limits for

different 4-wall conductivity cases; the experimental results from this study should
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fall between them. Figure 7.1a shows plots of Nusselt numbers against aspect ratios
for H1(Shah and London, 1978) and H2 (Dharaiya and Kandlikar, 2011) wall
boundary conditions. This figure suggests that if these heat transfer correlations
apply in micro-channel absorber plates, there is significant scope for improving the
heat transfer by varying the aspect ratio. It can be observed from this figure that the
trend of Nusselt number with aspect ratio differs depending on the wall boundary
condition; some conditions yield an increase in Nusselt number with aspect ratio

while others yield reduction in Nusselt number with aspect ratio.

Solar collectors are often characterised by low flow velocities to minimise the
(electrical) pumping power required. There is however a trade-off between low
pumping power and reduced performance due to temperature rise in the fluid. Fully
developed laminar flow will be expected in these channels because of the low flow
velocities and the micro scale of the hydraulic diameter. This implies that constant
Nusselt number correlation for fully developed laminar flow can be expected. The

heat transfer coefficient can be expressed as

D, (7.1)

Therefore, if the fluid properties can be assumed constant, a reciprocal relationship
will be expected between the heat transfer coefficient and the hydraulic diameter.
This suggests that improvements in heat transfer coefficient can be achieved by
reducing the hydraulic diameter. A corresponding ATy < 1°C, can also be expected
from the range of hydraulic diameters studied. Furthermore, by varying the hydraulic
diameter by about 1 mm as well as changing the aspect ratio, up to 300% increase in

heat transfer coefficient can be achieved. Figure 7.1b shows the corresponding heat
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transfer coefficient expected at various hydraulic diameters for two extreme Nusselt
number correlations. This graph suggests that varying the aspect ratio can result in

up to 65% increase in heat transfer coefficient.
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Figure 7.1: (a) H1 and H2 Nusselt numbers versus Aspect ratio (Shah and London,

1978, Dharaiya and Kandlikar, 2011) (b) Predicted heat transfer coefficient

This section investigates the effect of aspect ratio. Three plates with channels having
the same width but different depths were used in the heated sandwich test rig. The

geometry details of the plates are shown in Table 7.1

Table 7.1: Geometric parameters of the channels

Plate a(mm) b (mm) p(mm) Dp(mm) L (mm) a N
C 1 2 3 1.33 270 0.5 60
E 0.5 2 3 0.8 270 0.25 60
F 0.25 2 3 0.44 270 0.125 60

7.2.2 Thermal Performance

Figure 7.2a shows measured heat transfer coefficients against fluid velocities; the
three plates showed a strong dependence of heat transfer coefficient on fluid

velocity, this relationship may be anticipated in some heat transfer cases as Cengel
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et al. (2011) noted “In fact, the higher the fluid velocity, the higher the rate of heat
transfer” [p.374]. At any given velocity, heat transfer coefficients from the three
plates are however much lower than the predictions based on the standard Nu values.
A heat transfer coefficient of 400 W/m?C (typical of these results) would be
expected if the channels had Dy =8 mm. In fact the micro-channels had Dp<1.33mm
and higher heat transfer coefficients were expected. From Figure 7.2b it can be
observed that the Nusselt numbers show some dependence on the Reynolds number,
a trend resembling laminar predictions for flat plates and turbulent flow as opposed
to laminar pipe flow. It can also be observed that the Nusselt number increases as
aspect ratio approaches unity. It should be noted that the entry length for all tests in
the present study was less than 20% of channel length; its effects can therefore be

neglected (Rosa et al., 2009).
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Figure 7.2: (a) Heat transfer coefficient versus fluid velocity (b) Nusselt number

versus Reynolds number

Nusselt numbers of this order have been observed by several scholars who have
experimentally and/or numerically studied heat transfer in micro-channels, for

example, Dixit and Ghosh (2013), Qu et al. (2000), Peng et al. (1994) and Wu and

131



Cheng (2003). Reynolds number dependent Nusselt number correlations for micro-
channels have also been proposed by Choi et al. (1991), Peng and Peterson (1996)
and Peng et al. (1994). Various explanations have been postulated for these low
Nusselt numbers. Celata et al. (2006) attributed this to a heat loss term, Rahimi and
Mehryar (2012) and Nonino et al. (2009) attributed it to conjugate heat transfer

(axial heat conduction in the duct wall).

The thermocouple position might have contributed to the low Nusselt numbers
observed in the present study because thermocouple tips were at least 2 mm from the
liquid/solid interface. The thermocouples in this experiment were slotted in between
the top slab and micro-channel plate with a fibre-glass adhesive layer between the
top slab and the thermocouple tip. Thermocouples were calibrated before and
checked after the experiments and the three plates were tested under identical
experimental setups. Therefore, the position of the thermocouples may yield some
uncertainty in the absolute values of Nusselt numbers, but will have no effect on the
relative values. In other words, the plate performance can still be qualitatively
compared with minimal uncertainty. The effects of the thermocouple position will be

discussed in chapter 8.

Figure 7.3a shows plots comparing the measured Nusselt numbers with predictions
(Dharaiya and Kandlikar, 2011) for a channel with all four sides transferring heat
under a H2 wall boundary condition. Though the value of the Nusselt number
differs, a similar trend can be observed in the predicted (Dharaiya and Kandlikar,
2011) and measured Nusselt numbers. (i.e. Nusselt number increases as aspect ratio
approaches unity). Figure 7.3b is a similar plot but at a fluid inlet temperature of

20 °C.
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Figure 7.3: Comparing experimental results with theory (a) T;, = 5°C (b) Ti, =20°C

Previous studies have produced a variety of empirical correlations, including:

081
NU g, = 0.1165¢ °"°Re’82pyo333 (&j

e Peng and Peterson (1996), P (7.2)
Nu =0.038Re*%?pr23%

e Pengetal. (1994) pengetal (7.3)

e Choietal. (1991), Nu,,,, = 0.000972Re"*”?Pr®%* (7.4)

Figure 7.4 compares the experimental result with these correlations; the experimental
data can be observed to be in the range of correlations by Peng et al. (1994) and Choi
et al. (1991) however, a lesser Reynolds number dependence can be observed in the
experimental data. The correlation of Peng and Peterson (1996) , which is also aspect
ratio dependent, yields Nusselt numbers that lie between these experiments and
traditional correlations. The trend from this correlation is however opposite to that
observed (i.e. Nupep reduces as aspect ratio tends to unity). Actual values of heat
transfer coefficient, though in the range predicted by Peng et al. (1994) and Choi et

al. (1991), will need to be confirmed by further investigations.
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Figure 7.4: Comparing results with correlations (a) Ti, = 5°C (b) Ti, = 20°C

The results suggest a similar heat sinking performance (heat transfer coefficient) for
the three plates, despite a difference of up to 65% in hydraulic diameters. This
implies that reducing the channel size only provides marginal improvements. This
trend is advantageous from a manufacturing perspective as smaller channels are
potentially more expensive to fabricate due to the higher precision required. It also

has the benefit of requiring less power for pumping and less likelihood of blockage.

7.2.3 Hydraulic Performance

Hydraulic performance is one characteristic that influences plate design. If the
energy output is to be maximised, the power expended on pumping the fluid should
be minimised. Figure 7.5a shows measured pressure drop against fluid velocity; a
linear relationship between velocity and pressure drop is observed, as expected. In
fact, the three curves can be approximated as one. A similar observation was noted
by Hetsroni et al. (2004). These results suggest that in the range studied, the
geometry design has negligible effects on the pressure drop, however, the rate of
fluid flow has more significant effects. Therefore, the pressure drop is more
dependent on fluid velocity rather than geometry.
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Figure 7.5: (a) Pressure drop versus fluid velocity (b) Poiseuille number versus

Reynolds number

Figure 7.5b shows plots of Poiseuille numbers against Reynolds number; curves
which can be approximated as horizontal lines are observed. This indicates that the
flow can be approximated as a Poiseuille flow (i.e. dPo/dRe = 0 (Hetsroni et al.,
2005a)), therefore, at a specified flow rate, the required pumping power is
proportional to the length of the channel and the viscosity of the fluid but inversely
proportional to the fourth power of the hydraulic diameter. Channels with larger

hydraulic diameters will therefore be preferred to minimise the pumping power.

Figure 7.6a compares measured friction factors with predictions (Cengel, 2010)
based on numerical Poiseuille numbers for rectangular channels. A similar trend of
friction factor reducing with Reynolds number can be observed although measured
friction factors are slightly lower than predicted values. Lower friction factors in
micro-channels have been observed in other studies, principally for gas flows (Choi
et al., 1991, Harley et al., 1995), but also for liquid flows (Xu et al., 1999, Judy et
al., 2000). Lower friction factors observed in the present study may be attributed to

the significant fluid temperature rise in the flow direction which is a result of low
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flow velocities. Fluid temperature rise can have significant effects on the frictional
characteristics; for example, when Tyfocor rises from 5°C to 10°C, the kinematic
viscosity decreases by about 40% which results in a corresponding 40% increase in
the local Reynolds number. Since the laminar friction factor is inversely proportional
to the Reynolds number (f=Po/Re), an increase in local Reynolds number in the flow
direction will result in lower average friction factors. This also explains the lower
Poiseuille numbers observed in Figure 7.5b; at a given pumping power, smaller
channels will have lower flow rates which will yield higher fluid temperature rise

and consequently a lower Poiseuille number.

A plot of the pump power per collector area against fluid velocity is shown in Figure
7.6b. It indicates that the smaller the channel, the lower the power required for a
given fluid velocity. This agrees with the predictions of Moss and Shire (2014),
however, their predictions further show that increasing the channel size slightly can
improve performance at a pumping power requirement of less than 2% of collected
solar energy. Therefore, larger channels may be used; this should be sized based on

pumping power limit, required fluid temperature rise and fluid properties.
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Figure 7.6: (a) Friction factor versus Reynolds number (b) Pumping power versus

fluid velocity

7.2.4 Thermo-Hydraulic Performance

Figure 7.7 shows heat transfer coefficient against pump power. The curves can be
seen to exhibit a profile similar to a power function whose exponent is between 0
and -1; the heat transfer coefficient flattens out at about 0.3 W/m?; this indicates that
beyond this power level, marginal improvement in thermal performance will be
achieved. Plate F yielded the best heat transfer coefficient per pumping power input
which might be attributed to the lower volumetric flow rate in this plate (i.e. the
channels are smaller and therefore will accommodate less fluid). The curves of
Plates E and F show similar heat transfer coefficient per pumping power despite the

50% difference in aspect ratio.

Lower pump power yields higher overall fluid temperatures due to lower fluid
velocities. The fluid must therefore be pumped at higher velocities to achieve the
solar collector’s primary objective, of collecting absorbed heat with the fluid. Figure
7.7 shows that pump power per square meter of absorber plate is a minute fraction of

the thermal energy typically absorbed; a solar photovoltaic system can be used to
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supply this power. Thermal performance is therefore of greater importance than the
pump power. It is recommended that the collector should operate in the top left
quadrant of Figure 7.7 (above h= 250 W/m? °C) which will result in ATy < 4°C
under an incident heat flux of 1000 W/m? The maximum pump power to be
expended can be determined based on the minimum overall fluid temperature rise

required.
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Figure 7.7 (a) Pump power vs Heat transfer coefficient

7.3 Surface Roughness

To study the significance of surface roughness, plates which had their channels
manufactured by different methods were studied. Figure 7.8 shows a picture of two
plates; one had the channels machined out with a circular saw while the other was
photo etched. Therefore, the surface on the channel walls is likely to vary based on

the manufacturing technique.
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Figure 7.8: Etched and Machined channel plates

Figure 7.9 shows a 3D image of the channel surface on the top wall for an etched and
a machined channel respectively. A surprising observation can be made; the etched
channels which look smoother in Figure 7.8 actually have a much rougher surface
finish. The machined channels are smoother but have significant variations in depth

which is probably the reason for the roughness observed in Figure 7.8.

Figure 7.9: Surface finish on channel walls (a) Etched (b) Machined

Table 7.2 shows the values of some roughness parameters, defined below.

|
Arithmetical mean deviation ~ Ra= %ﬂz (x)[dx (7.5)

0

Maximum peak height Rp = max z(X) (7.6)
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|
Root mean squared Rq = }sz (x)|dx (7.7)

I 0
Maximum height of profile Rt = Rp—min z(x) (7.8)

Figure 7.10a shows a plot of the heat transfer coefficient against fluid velocity while
Figure 7.10b is a dimensionless counterpart. It can be observed that the Machined
channels have a slightly better performance. It would be expected that the rougher
surface would have better performance but the reverse is the case here. This is not
surprising as it was highlighted in the literature that surface roughness could either

increase or decrease the heat transfer coefficient (Rosa et al., 2009).

Table 7.2: Roughness parameters.

S/no Sample Rapum Rppum Rgum Rtum
1 Etched 1 3.713 1936 4.949 36.29
2 Etched 2 3.992 21.62 5091 35.726
3 Etched 3 3.043 192 4.083 32.946
4 Machined 1  2.657 22.021 3525 32.773
5 Machined 2  3.475 11.261 4.604 22.606
6 Machined 3  2.234 10.668 3.134 19.153
7 Aluminium1 0.543 3946 0.676 9.432
8 Aluminum?2 0.322 1.74 0.399 8.954
9 PTFE 1446 6.306 1937 28.181
10  Perspex 0.029 1804 0.0461 20972

Figure 7.11 show the fluid flow performance, as expected, the etched channels are
characterized by higher pressure drops and higher friction factors. This is what is

expected in rougher channels, as surface roughness is responsible for an increase in
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Poiseuille number in micro-channels as noted by Wu and Cheng (2003), Koo and

Kleinstreuer (2005) and Rosa et al. (2009).

The paradoxical behaviour of increasing pressure drop and decreasing heat transfer
may be attributed to wettability. A closer look at the surface of the etched channels
suggests that the etching process might have compromised the wettability of channel
surfaces leading to a thin layer of trapped air on the surface. This reduces the heat
transfer and also reduces the channel diameter. A reduced channel diameter will

increase the flow velocity as well as increase the pressure drop.
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Figure 7.11: Pressure drop and friction factor
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This analysis has practical importance as it illustrates that the method adopted for
channel fabrication can have significant effect on the performance. It can be
deduced that plates with etched channels will yield a poorer performance compared
with plates with machined channels. Therefore, this technique should be avoided.
However, the design of channel geometry may necessitate using this method as more
versatile shapes can be produced; in this case however, the lower heat transfer and

higher pressure drop should be accounted for in the design process.

7.4 Manifold

In the experimental data, the effects of manifold are neglected. However, they may
play a significant role. Cabuk and Modi (1989) noted that uniform header flow is
necessary to maximize heat transfer with an acceptable loss in pressure for the
constraints of system geometry. The effect of the manifold may be difficult to study
experimentally, however, a numerical simulation can give a good picture of the flow
distribution in the plate. Figure 7.12 shows the temperature profile of the plate at
0.1mm below the fluid — solid interface. This profile is almost impossible to detect
with thermocouples, it can be noted that the temperature along the width is not
uniform; therefore, assuming uniform heat and mass transfer in all channels may be
slightly misleading. Figure 7.13 shows the temperature distribution from left to right
at different locations up stream; a ‘v’ shaped curve which becomes flatter in the flow

direction can be observed.
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Figure 7.12: Plate temperature at the plate fluid interface
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Figure 7.13: Temperature profile transversely

143



-

Figure 7.14: Pressure distribution in the channels

Figure 7.15: Velocity distribution in channels
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Figure 7.16: Mass flow rate in 3 channels

Figure 7.17: Temperature in manifold (a) inlet (b) outlet

A contour showing pressure distribution in the channels is presented in Figure 7.14,
much higher pressures are recorded in the region just above the inlet port. The
velocity distribution (Figure 7.15 ) shows that there is a proportionately large
variation the profile. Figure 7.16 shows that the mass flow rate in the channels close
to the inlet port are almost double the flow rate in those close to the outlet port.

Figure 7.17 shows the temperature profile in the manifolds, a similar distribution can
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be seen in both inlet and outlet manifolds. The distribution shows that there is heat

transfer in the manifolds.

7.5 Summary

Experimental and numerical analyses have been carried out to investigate the effects
of aspect ratio, surface roughness and the manifolds. Conventional correlations for
rectangular channels were found to over-predict the thermal performance of the
plates. The results showed a strong dependence of heat transfer coefficient on fluid
velocity. Nusselt number was dependent on Reynolds number, a trend which is
conventional for flat plate or turbulent flows but not laminar flow in ducts.
Experimentally measured friction factors were similar in trend to published data
although slightly lower than predicted values based on numerical Poiseuille numbers
for rectangular channels. The heat transfer coefficient increased with pump power;
this improvement becomes marginal above a pump power of 0.3 W/m?. More power
might however need to be expended beyond this level to minimise the overall fluid

temperature rise.

It was observed that the method of fabricating the channels can result in significant
degree of surface roughness. Similarly, the manifolds can result in significant mal-

distribution.
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8. Investigating Scaling Effects

8.1 Background

The literature review presented in Chapter 2, highlighted the wide scatter in results in
experimental and numerical studies of heat transfer in micro-channels. Reviews by
Morini (2006), Hetsroni et al. (2005b), Rosa et al. (2009) and Sobhan and Garimella
(2001) confirm the very large scatter in published results and unanimously attribute
this to “scaling effects”. These effects arise from neglecting phenomena which are
insignificant in conventional sized channels but become significant as a result of the

high channel wall surface to fluid volume ratio in micro-channel flow.

The significance of these scaling effects can be influenced by the design and
application; also, the overall performance can be improved or depreciated, depending
on the dominant scaling effects. The extensive study on micro-channels has been
largely in the context of cooling electronic components. The peculiarities of micro-
channel heat transfer application in solar collectors include low Reynolds numbers as
well as the low heat flux densities. This chapter numerically and experimentally
studies the significance of some of these “scaling effects” on the performance of the

absorber plates.

8.2 Entrance effects

One of the common scaling effects cited by researchers is entrance effects (Guo and
Li, 2003, Lee et al., 2005). Constant local Nusselt numbers are expected for fully
developed flow however entrance effects can yield a significant variation between
predicted and measured average Nusselt number. The Graetz number, Gz, defined in

equation (8.1), is used as the criterion for neglecting entrance effects.
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_ RePrD,
L (8.1)

Gz

The entrance effects on the average Nusselt number can be neglected if the

inequality in equation (8.2) is satisfied (Rosa et al., 2009, Morini, 2006)
Gz <10 (8.2)

Figure 8.1 compares ATy, at different Graetz numbers. This plot assumes a linear
fluid temperature increase from entry to exit, because under a constant heat flux, the
effects of entry length is seen mainly on the surface temperature profile (Cengel et
al., 2011). The magnitude of AT, can be observed to increase in the flow direction.

Since,

q= Sg =hAT (8.3)
This trend of increasing 4Ty in the flow direction suggests an axial variation in the

heat transfer coefficient and/or the heat flux density.

Figure 8.2 compares the local Nusselt number at different Graetz numbers. This
Nusselt number is estimated by using the average heat flux, the measured plate
temperature axially, T(x) and an axial fluid temperature profile T¢(x) from the
model developed in chapter 3. A progressive decay of Nusselt number axially can be
observed in Figure 8.2. A flow characterised by a significant developing entry
region will yield a Nusselt number profile Nu(x) in the developing region and decay
to a constant value in the fully developed region. The relationship between the
percentage of flow in the thermally developing region and the Graetz number is

shown in equation (8.4).
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%(%) =5Gz (8.4)

From this relationship, the percentage of thermally developing flow in Figure 8.2a
should be around 14%, 22.5% and 31.5% for Gz = 2.8, 4.5 and 6.3 respectively. This
will imply that the local Nusselt number should be constant after these points. Also,
since equation (8.2) is satisfied and Gz<10 the effects of entry length can be
neglected (Rosa et al., 2009, Morini, 2006). This signifies that the thermally

developing region may not be the sole contributor to the observed profile.

10 Sb 160 150 260 zéo 300 0 50 100 150 200 250 300
x (Plate length), mm x (Plate length), mm

Figure 8.1: Profile of ATy along the plate (a)Tin = 5°C (b) Tin = 20°C
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Figure 8.2: Local Nusselt number along the plate (a)Ti, = 5°C (b) Ti, =20°C
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Figure 8.3: Nusselt number vs Graetz number at various fluid temperatures

Figure 8.3 shows the Nusselt numbers as a function of Graetz number. Nusselt
number increases slightly and then becomes fairly constant. The heat transfer
coefficient is enhanced in the thermal entry region; therefore, the Nusselt number is
expected to be constant at low Gz numbers and then increase at high Gz when
thermal entry length is significant. The profile observed supports the assumption that
the entrance effects may not be the sole contributor to the profiles observed. If it

was, a progressive increase of Nusselt number at higher Gz should be seen.

The hydraulic entry length is difficult to measure experimentally; however, the

thermal entry length gives a good indication of the hydraulic entry length since
L, =PrL,,. A CFD simulation was done on plates with five channels, 500 mm
long. Figure 8.4 shows the velocity profile on a transverse plane at the middle of the
channel for the entry and exit sections. The flow can be observed to be fully
developed when the fluid is a few millimetres upstream from the manifold. This

agrees with the predicted hydraulic entry length, which is less than 10 mm (2% of
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flow). A fairly similar velocity profile can also be observed at the outlet section. This

indicates that the hydraulic boundary is consistent with conventional theory

Figure 8.4: Transverse velocity profile at (a) entry (b) exit

Figure 8.5 shows contours on horizontal planes at 5 mm, 250 mm and 495 mm
upstream. A similar profile can be observed in all three contours. This suggests that

the fully developed flow profile is constant for most of the channel length.

Figure 8.5: Horizontal velocity profile at different locations
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8.3 Viscous dissipation
In macroscopic flows through channels, internal generation of heat is usually
neglected, however, at very small hydraulic diameters, viscous forces can generate
significant internal heat, which can in turn influence the heat transfer (Rosa et al.,

2009). Koo and Kleinstreuer (2004) noted that viscous dissipation can be significant
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in rectangular channels even for low Reynolds numbers. Others who have
highlighted the significance of viscous dissipation include Tunc and Bayazitoglu
(2001), Toh et al. (2002), Morini (2006), Herwig and Mahulikar (2006), Jeong and

Jeong (2006) and Chen (2006).

The Brinkman number, defined in equations (8.5)&(8.6), which is the ratio between
the viscous heating rate and the fluid — channel walls average heat transfer rate, is
usually employed to evaluate the significance of viscous heating (Rosa et al., 2009).
Equation (8.7) has been proposed as the criterion for accounting for the effects of

viscous heating (Rosa et al., 2009, Morini, 2006).

For constant wall het flux, Br = AVm (8.5)
o
For constant wall temperature, Br = M’ (8.6)
kAT,
Br < élimDh2 (8.7)
2(ab) fRe

Where &jim IS the maximum allowable ratio between the temperature rise due to
viscous dissipation and the temperature rise due to supplied heat flux at the wall (for

example, &im=5%) (Rosa et al., 2009).

A plot of Nusselt number against Brinkman number is shown in Figure 8.6. The
curves can be seen to be almost horizontal lines with the exception of Nusselt
numbers at lower Brinkman numbers (which correspond to lower flow velocities).
Viscous dissipation can result in lower Nusselt numbers (Rosa et al., 2009, Morini,
2006), however this occurs at higher flow velocities. It can therefore be concluded

that the lower Nusselt numbers at lower Brinkman numbers are not due to viscous
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dissipation. In addition, equation (8.6) yields Br satisfying equation (8.7) with
&im=10%. The effects of viscous dissipation in the proposed design will therefore be

insignificant at typical FPC operating conditions.
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Figure 8.6: Brinkman number vs Nusselt number at various fluid temperatures

8.4 Conjugate Heat Transfer
Conjugate heat transfer is another scaling effect often cited as having significant
influence on the thermal performance of micro-channels. This arises because the
hydraulic diameter and the wall thickness of the channels are usually of the same
order of magnitude. It therefore becomes necessary to account for the axial thermal
conduction in the channel walls, in addition to the forced convective heat transfer.
Some scholars who have highlighted the effects of conjugate heat transfer include
Gao et al. (2002), Gamrat et al. (2005), Nonino et al. (2009), Rosa et al. (2009) and

Rahimi and Mehryar (2012).

The dimensionless axial conduction number, M, defined in equation (8.8), which

can be seen as the ratio of axial thermal conduction to convective heat transfer, can
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be used to characterise effects of conjugate heat transfer in micro-channels

(Maranzana et al., 2004).

WY

—_P_®_- 8.8
k. A; RePr 8.8)

Where A is the cross sectional area of the solid walls of the channel and At is the
wetted surface area. The axial thermal conduction in the channel walls can be
neglected if the inequality in equation (8.9) is satisfied (Rosa et al., 2009, Maranzana

et al., 2004)
M <0.01 (8.9)

In terms of the experimental data reduction, the axial conduction number was

estimated by

k oL
M = o Dy vy 4|1 (8.10)
ki L{oL,—N.ab RePr

o includes the top and bottom slab thickness

A plot of Nusselt number against axial conduction number is shown in Figure 8.7; an
inverse relationship can be observed. This trend signifies that the axial conduction
number has a negative impact on the Nusselt number which is in agreement with the
proposition of Morini (2006) and Rosa et al. (2009). Since the axial conduction
number was generally found to be greater than 0.01, satisfying equation(8.9),

conjugate heat transfer has some impact on the experimental results.
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Therefore, the negative effect of conjugate heat transfer on thermal performance can
be suppressed by having micro-channel geometries with thin walls. This type of
channel can be achieved by increasing channel diameter and reducing plate
thickness, for example, hydroforming thin metal plates rather than machining thicker
plates. Effects of conjugate heat transfer can be further suppressed by ensuring the
flow rate through the collector is high enough to yield Reynolds numbers which

result in the effects of conjugate heat transfer being negligible.
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Figure 8.7: Nusselt number vs axial conduction number

The thermal boundary at the surface of ducts can usually be approximated as either
a constant surface heat flux or constant surface temperature (Cengel et al., 2011).
The profile of the surface and fluid temperature in the flow direction can be used to
easily identify the type of thermal boundary in fully developed flow. A constant
surface heat flux boundary will result in a linear increase in the surface and fluid
temperature at the same rate (Cengel et al., 2011). Under an isothermal surface
boundary condition, the temperature difference between the fluid and plate decays

exponentially in the flow direction (Cengel et al., 2011).
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However, when conjugate heat transfer is present, a deviation from the idealised
boundary condition can occur; it will result in variation of the heat flux density
axially. This might be responsible for the axial variation in 47, observed in Figure
8.1. The model presented in chapter 3, which includes, axial thermal conduction,
shows that despite a uniform incident solar heat flux on the plate, axial thermal
conduction can generate a plate temperature profile similar to an isothermal
boundary at the entry and exit regions and a constant wall heat flux boundary in
between. Figure 8.8 compares profile of 47 from this model at two extreme cases.
It can be seen that axial thermal conduction can yield significant axial variation in

the plate temperature.
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Figure 8.8: Profile of 47 at two extreme cases
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Figure 8.9: Nusselt number vs axial conduction number in Counter flow heat
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Figure 8.9 shows a plot of the counter flow heat exchanger Nusselt numbers against
axial conduction number. A similar relationship of Nusselt number decreasing with
Axial conduction number can be observed. Conjugate heat transfer will also explain
the Reynolds number dependence observed because, as the Reynolds number

increases, axial conduction effects in the channel walls decrease.

To study the effects of conjugate heat transfer further, a simulation was done on the
plate with 500 mm long channels. Figure 8.10 shows the simulated axial
temperature profile at the top surface and the middle of the fluid. A trend consistent
with a constant temperature surface boundary condition is observed at the entry,
while the middle section resembles a constant wall heat flux condition. The
significance of axial thermal conduction will depend on several factors including the
plate material and flow velocity, for example a more conductive material and/or a

lower flow velocity will yield more significant effects.
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Figure 8.10: Simulated fluid and plate temperature profile

Figure 8.11 compares the axial surface temperature profile on the four walls; three
walls (top and sides) can be observed to have approximately the same temperature
profile while the fourth side differs by about 0.5 °C. This difference may be
attributed to thermal contact resistance between the inter-passage ribs and cover
plate (The channel is made by clamping a cover plate hard against inter-passage ribs
of rectangular passages). This suggests that the surface boundary varies peripherally.
It also indicates that the method of manufacturing the channel can significantly alter
the surface boundary condition. Other methods of channel manufacture such as
welding two hydro-formed sheets together (as required to prevent the plate
ballooning under pressure/vacuum) should provide good thermal connection and

promote a more uniform peripheral temperature.
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Figure 8.11: Temperature profile at channel walls

The heat flux density from the four walls is shown in Figure 8.12. The top and sides
walls have a similar profile; about 300% of the average heat flux can be observed at
the inlet section, this then reduces to 60-80 % (depending on which wall) in the
middle section and then rises slightly at exit. This profile further confirms axial
thermal conduction in the plate. A slightly higher heat flux can be observed from
the top wall compared with the side walls; the side walls have a similar heat flux,
while the bottom wall can be observed to be adiabatic. This indicates that thermal
contact resistance between the bottom slab and the channel ribs is high; therefore
heat is transferred from only three walls. It may however be possible to have heat
transferred from the four walls if channels are manufactured from methods which

ensure the four walls are in good thermal contact.

It can therefore be concluded that in this design of micro-channel plates, heat transfer
can be expected to occur from three walls only. The heat flux is non-uniform
peripherally; however a uniform peripheral temperature can be expected on the walls

transferring heat. Thermal conduction in the channel walls can modify the thermal
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wall boundary profile at the inlet and exit, however, the middle section of the
channel can be approximated as a rectangular channel with three walls transferring
heat under a H1 (constant axial wall heat flux with constant peripheral wall
temperature). This is consistent with Lee and Garimella (2006) suggestion that
micro-channels are best represented by H1 boundary condition. From Shah and
London (1978) the expected Nusselt number for fully developed flow through a
channel with three sides transferring heat under H1 boundary condition ranges from

3.146 to 8.235, depending on the aspect ratio.
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Figure 8.12: Heat flux profile at channel walls.

Figure 8.13 compares the simulated profiles to those predicted by this model. The
predictions are based on the average heat flux density at the middle section as well as
heat transfer coefficient from numerical H1 Nusselt number for a channel with
aspect ratio of 0.5 and one adiabatic wall (Nu=3.306). The simulated and predicted
profile can be observed to match closely although a slight variation can be seen at
the inlet and exit. This can be attributed to the mass of fluid in the manifolds; the

analytical model only considers flow in the channel.
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Figure 8.13: Comparing analytical and simulated results

8.5 Measurement uncertainties

Several studies have cited measurement uncertainties as another possible explanation
of the discrepancies between experimental and theoretical results (Celata, 2004,
Celata et al., 2006, Morini, 2004). Some of these uncertainties include channel
diameter variation axially, accurately measuring fluid and channel wall temperatures

and assuming similar conditions in all channels.

The thermocouples measuring plate temperature were placed at the interface between
the top slab and micro-channel plate (with a fibre-glass adhesive layer between the
top slab and the thermocouple tip). Thermocouples might have been reading a
temperature at the interface rather than the plate temperature if there was significant
thermal contact resistance between thermocouple tips and plate. Similarly, plate
temperatures were read at 2 mm from the liquid/solid interface. Gamrat et al. (2005)
observed that the position of the thermocouples away from the liquid/solid interface
can yield as much as 40% uncertainty in the estimated Nusselt number. It should be

noted that the accuracy of the measuring instruments as well as the repeatability of
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the experiment were validated. Therefore a correction can be applied to the
temperature measurements using Fourier’s law. The interface thickness (discussed in
Chapter 4) was used to estimate the temperature gradient across the interface and the
plate temperature was corrected, assuming that measured temperature was in the

middle of the interface.

AT,
T ——int (8.11)

p,corrected = p 2

T

Figure 8.14, shows a plot of the corrected Nusselt numbers against Peclet numbers.
The error bars in this figure account for other uncertainties such as fluid properties,
flow rate and geometry. The corrected local Nusselt numbers are shown in Figure
8.15. Figure 8.16 compares the corrected Nusselt number as a function of Axial

Conduction number.
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Figure 8.14: Corrected Nusselt numbers versus Peclet numbers
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Figure 8.17: Friction factor versus Reynolds number

Figure 8.17 shows a plot of the corrected friction factor versus Reynolds number.
The error bars in this figure account for uncertainties in fluid properties, geometry
and measurements. It can be observed that the error bars are close to the theoretical

values.

8.6 Heat Transfer Correlation
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Figure 8.18: Heat transfer Coefficient versus Peclet number
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Figure 8.18 shows the measured heat transfer coefficient from several experiments
(various plates, various fluid temperatures and various flow rates), as a function of
Peclet number. It can be observed that the data points have a trend. This trend could

be approximated as

h.., =1.25Pe (8.12)
By substitution, this becomes
h,, =250
corr — < (a+ b) kf (8.13)

Figure 8.19 compares the correlation in (8.12) with the measured heat transfer
coefficients; it can be observed that results from plates E and F are closer to the

correlation while plate C, which has larger channels, is more spread out.
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Figure 8.19: Heat transfer correlation
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8.7 Summary

The significance of various scaling effects on the heat transfer in micro-channel
absorber plates has been experimentally and/or numerically studied. Most of the
scaling effects such as viscous dissipation and entrance effects were found to be
insignificant. Nusselt number was found to reduce with the axial conduction number,
signifying that conjugate heat transfer has a negative impact on the Nusselt number,
which agrees with previous studies. From the CFD simulation, it was observed that
only three walls were transferring heat; the walls of heat transfer had a uniform
peripheral temperature while the heat flux varied peripherally. The closest simplified
thermal boundary condition to these channels is the H1 with three (3) walls
transferring heat. The entry and exit of the channel can however vary significantly

due to thermal axial conduction and the effects of the manifolds.

In the heated sandwich test rig, thermal contact resistance between the top slab and
micro-channel plate resulted in a significant thermal gradient at this interface which
yielded lower calculated Nusselt numbers. Temperature measurements were
corrected and the corrected Nusselt numbers increased linearly with Peclet numbers.
This can be attributed to the effect of axial conduction (the axial conduction number
is a function of the inverse of Peclet number). The axial thermal conduction yielded
a variation of the heat flux density axially, despite having a uniform heat flux on the

plate.

The velocity profile and hydraulic entry length agreed reasonably well with
published numerical studies for rectangular channels however, it is recommended

that when possible, numerical simulations with appropriate boundary conditions
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should be undertaken to accurately understand the heat transfer processes. The

results are beneficial for the design and operation of micro-channel absorber plates.
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9. Conclusion and Recommendations

9.1 Conclusion

This thesis presented research focused on investigating heat transfer and fluid flow
performance of micro-channel plates. These micro-channel plates are to be used as
absorbers in a proposed design of compact flat plate collectors. The peculiarities of
micro-channel heat transfer in solar collectors include low Reynolds number flows
and low heat flux densities, compared with designs/devices being used in electronic

cooling. The objectives of the research were

To compare performance of this design to predictions of conventional theory.

e To study the significance of the various scaling effects on the absorber plate
performance.

e To study the effects of channel design on performance.

e To propose optimal channel design and corresponding operating condition

for this system.

e To propose accurate methods of predicting collector performance.

All these objectives were achieved and the main conclusions are outlined below.

Analytical investigation showed that, under similar conditions, the proposed design
yields a much higher fin efficiency, F and collector efficiency factor, /' compared
with the conventional solar collector design. The limit of significance of plate — fluid
heat transfer coefficient on overall performance was observed to be 300 W/m?.°C.
The analytical model showed that axial thermal conduction can significantly alter the
temperature profile of the absorber plate and therefore a few point temperature
measurements may be inadequate to characterise the thermal profile. The collector

flow factor, F” and the heat removal factor, Fr can be improved by increasing the
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thermal flow capacitance in the collector; this can be achieved by increasing the
mass flow rate per collector area, m/A., as well as reducing the overall heat loss,
UL . The overall heat loss of this collector design is expected to be much lower than

conventional design because the absorber plate will be placed in a vacuum envelope.

A review of the literature on heat transfer and fluid flow in micro-channels, revealed
that considerable discrepancies between results can be attributed to scaling effects.
The effects of various scaling effects were therefore investigated experimentally and
numerically. Most of the scaling effects, such as viscous dissipation and entrance
effects were found to be insignificant. However, conjugate heat transfer, surface
boundary condition, surface finish and measurement uncertainties were observed to

be significant.

Conjugate heat transfer was observed to have a negative impact on the Nusselt
number, which is in agreement with previous studies on micro-channel heat transfer.
The axial thermal conduction yielded a variation of the heat flux density axially,
despite having a uniform heat flux on the plate. Conjugate heat transfer resulted in a
linear increase of Nusselt numbers with Peclet numbers. The effect of conjugate heat
transfer can be suppressed by increasing the channel length, reducing the peripheral

wall thickness and/or increasing the flow rate of the heat transfer fluid.

It was also observed that only three walls were transferring heat; the walls of heat
transfer had a uniform peripheral temperature while the heat flux varied peripherally.
The closest simplified thermal boundary condition to represent the heat transfer in
these channels is the H1 with three (3) walls transferring heat. Therefore, theoretical

predictions for this design should use this boundary condition.
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The surface roughness on the channel walls was observed to differ depending on the
method of fabrication. In this study, the etched channels were found to have rougher
surfaces compared with the machined channels. The heat transfer and fluid flow
performance of the etched channels were observed to be poorer than the machined
ones. This indicates that milling out channels should be the preferred method for
manufacturing these channels since the length scale of the hydraulic diameter is at

the upper end of the microscale.

The experimental study was accompanied by several challenges; this highlighted the
need for carefully designed experiments in micro-channel study. For example, it was
observed that thermal contact resistance could result in an error of up to 50% in
calculated Nusselt numbers. Therefore, using thermocouples or RTD’s for measuring
metal surface temperature should be adequately investigated and corrected as
required. Alternatively, other methods of temperature measurements such as liquid
crystal thermography, infrared camera or custom built temperature sensors
embedded in the material could be employed. Also, experimental test rigs in the
form of micro-channel heat exchangers can be designed for more accurate average
heat transfer coefficient measurements. This is because it is much easier to get
accurate measurements of the flow rate and fluid inlet and outlet temperatures. This
method eliminates the uncertainty resulting from thermal contact resistance in
measuring metal surface temperatures but cognisance must be taken of the modified

thermal boundary condition.

A CFD Study, using the design and operating parameters of the experimental test rig
produced comparable results to the experimental results. This numerical simulation

also gave further insight into the heat transfer and fluid flow patterns in the micro-
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channel plate. It is recommended that when possible, numerical simulations with
appropriate boundary conditions should be undertaken to accurately understand the
heat transfer and fluid flow processes. This will also help in designing experimental

test rigs as various points of interest will be highlighted.

The significance of channel design on the overall performance was investigated
experimentally and numerically. Conventional correlations for rectangular channels
were found to over-predict the thermal performance of the plates. A strong
dependence of heat transfer coefficient on fluid velocity was seen. A similar heat
transfer coefficient at a given fluid velocity was observed for the range of hydraulic
diameters studied, therefore channels with hydraulic diameters up to 1.5 mm can be

used.

Nusselt number was dependent on Reynolds number, a trend which is conventional
for flat plate or turbulent flows but not laminar flow in ducts; this trend has been
attributed to conjugate heat transfer. The Nusselt number was observed to increase as
aspect ratio approached unity. Experimentally measured friction factors were similar
in trend to published data although slightly lower than predicted values based on
numerical Poiseuille numbers for rectangular channels. The heat transfer coefficient
increased with pump power; this improvement becomes marginal above a pump
power of 0.3 W/m?2 More power might however need to be expended beyond this

level to minimise the overall fluid temperature rise.

In practice, optimum micro-channel geometry in plates will need to be sized based
on fluid properties and operating conditions. The micro-channels should also have
thin walls to minimise the effects of conjugate heat transfer. A sustainable energy

technology should be installed alongside to provide pumping power required to
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minimise the overall fluid temperature rise. The results are beneficial for the design

and operation of micro-channel absorber plates.

VI.

VIL.

VIII.

9.2 Recommendations

In the design and operation of micro-channel absorber plates, adequate
measures must be taken to minimise the effects of conjugate heat transfer.
Ideally, the collector should me made of materials with thermal
conductivities greater than 100W/m°C and the fin length between channels
should be less than 20mm.

Channels should be designed to have hydraulic diameters between 0.3 mm
and 2 mm. preferably; channels should have an aspect ratio close to unity.
During operation, the heat transfer coefficient should be at least 300 W/m?
°C. This will depend on the fluid velocity and type of fluid. An

approximation that can be used in estimating the heat transfer coefficient is
mc

h=250———"—

(a+b)k,
Experiments should be carefully designed to eliminate uncertainty in
temperature measurements.
Appropriate correlations for the physical boundary conditions should be used
when predicting the performance.
An accurate 3D numerical simulation will be a better alternative for
predicting the performance of micro-channels.

Further experimental tests should be done to determine overall heat loss

coefficient by integrating the micro-channel plate in a vacuum envelope.
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