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Abstract

This thesis is concerned with the dominant leakage characteristics of an axial piston
pump. Results have been obtained from a combination of analysis, Computational
Fluid Dynamics (CFD) and experimental work, and have added to existing knowledge
in this field. The measurement of slipper leakage within an axial piston pump is
impossible due to additional leakage from the pistons and between the cylinder barrel
and port plate. It may only be determined by analysis and this aspect has been studied
via a new CFD simulation.

Further progress has been made experimentally on slipper leakage. A new test
apparatus was designed and developed by the author and comparisons have been
made with parallel analytical work. Previous research in this area has concentrated on
single-landed slippers and leakage rates from such slippers have been examined,
however only under static conditions. The work in this thesis is the first to consolidate
experimental studies on multiple-land slippers, and the first to measure slipper
leakage under dynamic conditions. These results have been compared with both CFD
simulations and a new theoretical study undertaken in parallel with this work. The
new test apparatus allowed measurement of both leakage and groove pressure under a
range of operating conditions. It was established that the presence of a groove reduces
the restoring moment produced, and hence enables the slipper to operate with an
appropriate angle of tilt, thus permitting hydrodynamic lift to more readily exist.
However, this occurs at a cost of increased leakage.

In addition to the experimental work on slippers, the time-varying pressures within
selected cylinders of an axial piston pump were measured. In parallel, a fully dynamic
CFD model of a pump was produced. This model included all leakage paths from the
pump. It was discovered that the port plate leakage dominated the overall leakage,
with slipper leakage still being significant, but with piston leakage insignificant. This
model was also used to predict the flow and pressure ripple from the pump and the
predictions were compared with experimental measurements.
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Overview of Chapters

This thesis is divided into six main chapters. Below is an outline of the contents of

each chapter:

Chapter 1
Chapter 1 introduces the axial piston pump, and contains a brief description of how it

works, and describes the causes of leakage from within the pump.

Chapter 2
The axial piston pump has been the source of a significant amount of research.
Chapter 2 contains a comprehensive literature review detailing both the theoretical

and experimental studies that have been undertaken.

Chapter 3

An axial piston pump was simulated using the CFD software FLUENT. The models
presented in Chapter 3 aimed to characterise the main sources of leakage from within
the pump, and were validated by an experimental study. Pressure transients were

measured experimentally and compared with the CFD derived pressure ripple.

Chapter 4

A test apparatus containing a 2:1 scale model of a slipper was developed in Chapter 4.
This enabled the measurement of leakage, which is inherently difficult within an
actual pump. The effect of tilt and clearance were observed as well as the pressure

within the slipper groove.

- XX -
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Chapter 5

To further the work presented in Chapter 4, a CFD study was undertaken and is
presented in Chapter S. The geometries used within the CFD models replicated those
used in Chapter 4, and thus a direct comparison between results was possible. In

addition to the comparisons made between Chapter 4, different groove geometries and

locations were explored.

Chapter 6

Presented in Chapter 6 are the main conclusions drawn from the work presented in
this thesis. In addition, recommendations of how to develop this work in the future are

presented.

- xxi -
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Chapter 1 Introduction

1.1 Introduction

Hydraulic pumps can be divided into two general classes: Hydrodynamic and
Hydrostatic. Hydrodynamic pumps use a rotating element, within a casing, to impart a
radial velocity on the fluid. The fluid then exits the pump via a discharge nozzle.
Hydrostatic pumps, also known as positive displacement pumps, displace a fixed
volume of fluid per cycle. Hydrostatic pumps can be split into two categories: rotary
and reciprocating. Rotary pumps work on the principle that a rotating vane, screw or
gear collects fluid in its void on the suction side of the pump, and forces it to the
discharge side. Reciprocating pumps, such as axial piston pumps, work on the
principle that fluid is drawn into a void on the suction side of the pump, and then
expelled on the outlet stroke, through the discharge port of the pump. An axial piston

pump consists of the following major elements:

e Pistons and slippers
e (Cylinder barrel

e Swash plate

e Port plate

e Pump casing

A sectioned view of an axial piston pump is shown in Figure 1.1. The nine pumping
pistons are evenly spaced in a circular array around the cylinder barrel. The cylinder
barrel is driven about its axis of symmetry via a shaft coupled to an electric motor or
other drive such as a diesel engine on a mobile machine. Located behind the cylinder

barrel is a swash plate. The swash plate is positioned at an angle to the axis of
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rotation. Each slipper is constrained to follow the surface of'the swash plate and hence
the pistons exhibit a reciprocating motion as the cylinder barrel rotates. Located at the
front of the pump is a stationary port plate, which the cylinder barrel bears against.
The cylinder barrel is held against the port plate via a compression spring (not shown

in Figure 1.1) located between the swash plate and the rear ofthe barrel.

a) Schematic
(a) swash plate, (b) cylinder barrel, (c) piston assembly, (d) port plate, (¢) pump
casing, (f) suction port, (g) discharge port, (h) inlet line (not visible), (i) outlet line.

b) The Oilgear Towler pump used in this work (Oilgear Towler UK Ltd)

Figure 1.1 Main components within an axial piston pump

-3
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The port plate contains two kidney shaped ports which are each connected to the
suction and discharge lines. The small gap between the rotating barrel and fixed port
plate introduces a cross-port leakage and a leakage across the barrel edges to the
internal casing, and ultimately back to tank. On the inlet stroke, the piston moves
axially away from the port plate. During this time, the piston is located within the inlet
port region, and so draws fluid into its chamber. As the barrel rotates, the piston
moves through the outlet port region. During this time, the piston moves axially
towards the port plate, and hence expels fluid out of the piston chamber. The pump
contains nine pistons located at 40° intervals, and so fluid is constantly drawn into,
and expelled from the pump as the cylinder barrel rotates. The instantaneous flow rate
of the pump is equal to the summation of the instantaneous flow rates of the pistons
within the outlet region of the pump. The shape of each piston bore changes to a
kidney shape at the face of the barrel. This aids the flow between the port plate and
each piston. Typically, four pistons will be contributing to the output flow rate at any

one instant.

Each piston consists of a piston body connected to a slipper by a ball and socket joint.
The slipper face consists of a lubrication orifice, through which pressurised fluid can
flow, ultimately returning back to tank. During operation, a recessed pool in the face
of the slipper contains a volume of pressurised fluid close to piston pressure on the
supply side, and close to tank pressure on the inlet side. A piston assembly is shown

in Figure 1.2.
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(a) piston, (b) slipper, (c) land, (d) lubrication orifice, (e) pool, (f) sectioned view

Figure 1.2 Piston assembly

Also shown in Figure 1.2 is a sectioned view, illustrating the hollow nature of the

piston assembly. Table 1.1 shows the dimensions of the pistons used within the test

pump.
Table 1.1 Test piston dimensions

Measurement Dimension

Overall length 62.0mm

Length of piston body 42.0mm

Piston body diameter 14.7mm

Lubrication orifice diameter 1.0mm

Pool diameter 10.15mm

Slipper land outside diameter 20.5mm

Many axial piston pumps have a pressure compensator circuit, allowing the swash
plate angle to be reduced as the load pressure increases above a prescribed limit, set
by a load spring and associated spool. This makes the hydraulic system more efficient
as only the required flow is produced by the pump at an otherwise excessive pressure.
A pressure relief valve is still required at the pump outlet. For this study the pump had
such a pressure compensator but a pressure range was selected to avoid its use. The

main objective of the work presented in this thesis was to provide a detailed
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investigation into the leakage paths from the pump. It was evident from the literature
review presented in Chapter 2, that the majority of research on slippers had
concentrated on single land slippers, and that the behaviour of grooved slippers had

not been investigated. Thus it was an objective to analyse, in detail, the behaviour of

such slippers.
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2.1 Background

A considerable amount of research has been undertaken regarding the operation of
axial piston pumps. Mathematical models have been developed to study many aspects
of the axial piston pump including control systems and predicting pump dynamics [1-
4]. Additionally, a variety of software has been used to model axial piston pumps.
This ranges from purposely written simulation programs, to generic software
packages, and commercially available Computational Fluid Dynamics (CFD)

software.

Ivantysynova et al [5-10] developed a simulation tool specifically for axial piston
pump analysis called “CASPAR”. Based on the simulation of flow through self
adjusting lubrication gaps within the axial piston pump, the losses due to friction and
leakage could be determined. The gaps in axial piston pumps are self adjusting as the
gap geometry is dependent on operating conditions, and not only the dimensions of
mating parts. The simulation was applied to clearances between the pistons and their
cylinder bores, between the cylinder barrel and port plate, and between the piston
slippers and swash plate. Additionally, “CASPAR” was used for port plate timing
optimisation [5]. In conjunction with “CASPAR?”, an experimental test apparatus was
set up to measure instantaneous pressure within an individual piston chamber [6]. This
worked by using a piezoelectric pressure transducer located within a cylinder bore. A
telemetry system was used to transmit the data from the pump to a workstation. The
simulation in “CASPAR?” for transient pressure in the piston bore was validated by the
pressures measured experimentally. The “CASPAR” software has also been used to
predict the frictional forces between a piston and its corresponding cylinder [7, 8].

This was again validated experimentally, by means of a piezoelectric force sensor.
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Here a force sensor was located on the peripheral of the cylinder barrel and connected

to a floating bush encasing a single piston.

Armbruster et al used the “AMESim” software to simulate the dynamics of an axial
piston pump [11]. “AMESim” is a modelling environment for performing simulation
of engineering systems. It is a visual based application, where symbols represent
components. In this case, each piston was modelled as a generic cylinder, with
specific inputs for its operation. These related to the pistons movement and port
timings. Whilst this model did not yield any significant results, it demonstrated the
potential for the dynamics of an axial piston pump to be modelled using a generic
software package. Gilardino et al [12] used the “AMESim” software to model a
displacement control mechanism within an axial piston pump. Gilardino investigated
the dynamic behaviour of the pump under transient conditions, enabling the delivery
pressure and swash plate angle to be predicted. This enabled the response time of the

pump to be characterised for changes in load.

A simulation program, “Bathfp” was used by Edge et al to simulate the dynamic
behaviour of axial piston pumps [13, 14]. The simulations carried out enabled the
forces acting on pistons in pumps with different port plate timings to be investigated.
This has enabled the influence of port timing on fluid borne noise to be established.
The simulations undertaken by Edge et al concentrated on the transition of a piston
between the suction and delivery ports. As a piston travels through the port plate
region between the suction and delivery ports, the delivery of oil is interrupted by the
valve plate. For the geometry of the pump examined, this meant that the pressure in

the cylinder rose transiently higher than the pressure in the delivery port. This
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occurrence is known as a trapping and was previously investigated by Yamaguchi

[15].

As a piston moves between the delivery and suction ports, the cylinder volume
increases, and thus the trapped volume of fluid decompresses. This can lead to the
onset of cavitation as confirmed by Wiklund’s examination of suction dynamics [16,
17]. Cavitation is the collapse of bubbles within the fluid, and leads to the formation
of pits and craters on the surface of the material. Evidence of wear due to cavitation
on the port plate and piston slipper was presented by Fey et al [18]. Edge et al
determined that a later suction port opening reduced the forces generated by the
pistons, and hence reduced the noise potential. However it increased the possibility,
and severity of cavitation [13]. Although reducing cavitation problems, Edge et al
demonstrated that an increased inlet pressure increased air-borne noise [19, 20].
Consequently he suggested that the inlet pressure should be kept as low as possible

whilst endeavouring to avoid cavitation.

The flow developed by an axial piston pump is determined by the contribution of the
flows produced by each piston, and is hence fluctuating in nature. Within a pump
containing nine pistons, there are always at least four pistons in the discharge region
and contributing to the output flow. Manring et al [21] characterised the output flow
ripple of axial piston pumps with different numbers of pistons. The theoretical
kinematic fluctuation in flow as a percentage of mean flow for pumps containing

different numbers of pistons is shown in Figure 2.1.
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Figure 2.1 Kinematic flow fluctuation as a percentage of the mean flow

The general trend of Figure 2.1 suggests that increasing the number of pistons reduces
the flow ripple amplitude. There is however, a significant difference in ripple
amplitude between pumps with an even and odd number of pistons. The majority of
commercially available pumps contain nine pumping pistons. This is largely because
nine pistons provide a small flow fluctuation, with additional pistons providing no
significant reduction in fluctuation, but requiring a larger diameter of barrel to
accommodate them. When analysing the actual flow ripple, however, Manring found
there was no significant difference in the flow ripple characteristics of pumps with
even and odd numbers of pistons. This was in agreement with Jun and Yi [22] who
concluded that, from a flow ripple point of view, a pump containing an even number
of pistons may be as feasible as an odd numbered design. Masuda and Ohuchi [23]
also investigated axial piston pumps with an even number of pistons, and developed a
method of noise reduction for an eight piston pump. Their method involved porting
the suction and delivery ports to control cylinders acting on the swash plate. This self

compensation method reduced the airborne pump noise from 71dB to 64.5dB.
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Further to the work carried out by Edge et al [13] and Wiklund [16, 17], Manring
investigated the transition of a piston chamber between the discharge and suction
ports. This research extended beyond simply the timing of the ports, as he proposed
different geometries for the timing grooves. Timing grooves allow the pressure within
a cylinder to be matched to the pressure of the advancing port by permitting restricted
flow between the cylinder and the port. This helps restrict cavitation and over
pressurisation from occurring. Helgestad et al gave a method for calculating pressure
transients within an axial piston pump [24]. He concluded that if a pump operated at a
constant pressure and flow, a port plate without silencing grooves could be used. He
also found that a pump operating under variable operating conditions should utilise
triangular silencing grooves. If the pump was expected to operate in both directions, a
parallel slot design was desirable. Martin et al discussed the design of a port plate,
also concluding that for a pump operating with a narrow range of conditions it was
possible to design a port plate geometry that would work without timing grooves.
However if a wide range of operating conditions was expected, silencing grooves
would be required to assist in the matching of cylinder and port pressures. They also
discussed design considerations which would assist in determining the optimum
timing for a range of operating conditions [25]. Edge et al investigated the influence
of groove dimensions on cylinder pressure and flow, concluding that the optimum
design would consider both flow losses and pressure transient. In terms of reducing
the pressure upon entry to the outlet port, a steeply sloping triangular geometry was

found to be the optimum timing groove profile.

Manring found that a linearly varying timing groove was advantageous if the timing

groove was short due to geometrical constraints. He also found that a slot with
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constant area was shown to be most appropriate if the discharge area of the slot was
limited [26]. Manring also investigated the possibility of removing timing grooves
altogether [27]. The volumetric efficiency was calculated for a port plate with and
without timing grooves, and Manring suggested that a trapped volume design may in

fact offer improvements in operating efficiency.

Karkoub et al [28] produced a neural network to predict the steady state behaviour of
an axial piston pump. For the training of the network, he used data obtained
experimentally. The training data consisted of results obtained by measuring the pump
discharge flow at different supply pressures, over a range of pump speeds. He then
developed a neural network to predict the transient response of a pump with a
pressure compensator circuit. Again this neural network used experimental data for
training and validation. The actual dynamics of the pump were determined by
measuring the transient pressures in the control cavities of the pressure compensator
circuit. A solenoid activated control orifice was used to rapidly change the pump
outlet pressure. The subsequent pressure response was measured using piezoelectric
pressure transducers located within the control cavities. The resulting neural network
consisted of two hidden layers, each consisting of five neurons. The steady state
neural network was able to predict the characteristics of the pump with an error of less
than 2%. The predicted values for the dynamic response of the pump also correlated
well with the experimental data. The error between the predicted and experimental

validation data was found to be less than 7%.

Manring et al investigated the control and containment forces required for both axially
[29] and transversely [30] actuated swash plates. The primary difference between

these is the direction, relative to the pump shaft, in which the containment force is
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applied to the swash plate. Manring suggested that, for a transversely actuated swash
plate, the angular length of the containment bearings should be as large as possible.
Additionally, he suggested that from a performance point of view, axially actuated
swash plates were superior, as they provide a more robust containment of the swash
plate. Manring developed his work further by examining the impact of using a
secondary swash plate angle [31, 32]. Predominantly used in the aerospace industry, a
secondary angle allows the swash plate to be tilted about an additional axis,
perpendicular to the conventional axis of tilt. By calculating the containment forces
required to maintain the position of the swash plate, he determined that a secondary
angle of tilt could reduce the required containment forces of the swash plate.
Additionally, it was found that a secondary angle could increase the volumetric
efficiency of the pump by approximately 3%. Manring also found however, that a
secondary angle introduced a twisting moment on the swash plate about the pump
axis. The presence of this additional load implied that additional containment of the

swash plate was required.

CFD simulations were performed by Wiklund and Svedburg [16] using the
“FLUENT” CFD package. They produced a two dimensional model to investigate the
opening and closing phase of a piston within the suction region of a pump. The pump
inlet manifold was modelled, with an adjacent region of cells representing the rotating
cylinder block. The movement of the cylinder block was achieved by changing the
porosity of groups of cells at each time step in the simulation. A “Pressure Inlet”
boundary condition was applied to the region of the mesh representing the inlet of the

pump. The areas of the mesh representing the pistons within the suction port were
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allocated velocity boundary conditions. The velocity assigned to these boundaries was

time dependent, and applied using a User Defined Function (UDF).

A two dimensional model generated results that assumed a square shaped cross
sectional geometry. However, the opening of the piston into the inlet port is more
accurately represented by the interaction of two curved surfaces. This fact was
accounted for in the CFD simulation by determining the change in orifice geometry at
any particular time, and then changing the porosity of cells within the model to
replicate the flow area for each time step. Wiklund and Svedburg later developed a
three dimensional pump model using the CFX CFD software [17]. This model was far
more advanced than their previous model and used a dynamic change in mesh
geometry to simulate the movement of pistons between each time step. Additionally,
the pistons rotated about a central axis and therefore the change in geometry as the
piston interacted with the inlet ports was simulated more effectively than the method
used in the two dimensional model. Fairhurst later used the “FLUENT” package to
develop a three dimensional pump model of an axial piston pump [33]. This was more
advanced than the previous work reviewed, as an attempt was made to model the

leakage from the cylinder barrel — port plate interface.

In order to simulate the motion of the pistons in his 3-D model, velocity inlets were
used rather than deforming meshes. The pistons were therefore modelled as fixed
volumes, with a reciprocating velocity applied to the end face of each via a UDF. To
simulate the rotating cylinder barrel, the volumes of cells representing the pistons
were given an angular velocity about a central axis. A sliding mesh was employed to

facilitate the interface between the moving and stationary mesh volumes.
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Using velocity boundary conditions to control the flow of fluid into and out of the
piston chambers simplified the model to a degree, as it meant that no dynamic change
in volume occurred. It also had the limitation that the leakage of fluid through the

piston assembly could not be considered.

By introducing a narrow volume of cells, Fairhurst’s model included the leakage
across the cylinder barrel face. Here the separation was modelled using a region of
cells with a depth of 2mm. These cells had a calibrated porosity to restrict the flow of
fluid, thus simulating a smaller, more realistic clearance. This porous region was in
fact two separate volumes. The first provided an external leakage from the piston side
of the pump, with the other providing a leakage from the port plate side of the pump.
The application of “Wall” boundary conditions to these two volumes meant that no
fluid could flow between them directly. Fairhurst also attempted to create a 2-D axis-
symmetric model of a single piston. The mesh was produced, but was non-convergent

and hence results were therefore not obtained.
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2.2 Lubrication within the Axial Piston Pump

2.2.1 The concept of lubrication

To maintain mechanical efficiency and maintain wear, mating surfaces within an axial

piston pump have to be lubricated. The main areas requiring lubrication are:

e Cylinder barrel and port plate
e Pistons and respective bores.

e Piston slippers and swash plate

In order to provide complete separation between moving parts, axial piston pumps are
designed to operate utilising a combination of hydrostatic and hydrodynamic
lubrication. Boundary lubrication, however, is likely to occur under certain conditions
[34]. Due to the nature of lubrication between mating surfaces, volumetric losses are
inherent in axial piston pumps. These volumetric losses have been studied
extensively, with the intent of optimising the overall volumetric efficiency of the

pump whilst maintaining successful lubrication.

Hydrostatic lubrication relies on an external supply of pressurised fluid which is
supplied between the bearing surfaces. In axial piston slippers, the fluid is bled from
the high pressure side of the piston, through an orifice in the piston slipper interface as
shown in Figure 1.2. This creates a pool of high pressure fluid beneath the slipper and
hence produces a separation force between the slipper and swash plate. Slippers are
generally designed so that they are slightly over clamped. Without motion, they are
clamped to the swash plate when the piston bore is pressurised. During pump rotation,

hydrodynamic lubrication develops between the slipper and swash plate, providing

-17-



Chapter 2 Background

sufficient additional force to generate separation. If pressure balance does not occur, it
is possible that the slipper may tilt by a very small amount to provide the additional

force due to a hydrodynamic contribution.

Hydrodynamic bearings are known as self acting. To create and maintain the
hydrodynamic film, a relative motion is required between the two bearing surfaces.
The surfaces must also be inclined to form a clearance in the shape of a wedge. This
wedge converges in the direction of relative motion, and hence allows a pressure build
up between the two surfaces, thus providing a separating force. Of course,
hydrodynamic lubrication only occurs with a relative motion between the two
surfaces, and so if the relative velocity is not sufficient, wear may occur due to contact

between them.

Although designed to operate utilising hydrostatic and hydrodynamic lubrication,
occasionally the oil film is too thin to provide complete separation between mating
surfaces. This is known as boundary lubrication, and occurs, for example, at low
speeds where hydrodynamic lubrication does not develop [35]. In addition, it may
occur at low operating pressures, and during transient operating conditions such as
when the pump starts or runs down [36]. To a degree, boundary lubrication is also

likely to occur during the early use of the pump [37].

2.2.2 Lubrication between the cylinder barrel and port plate

Shown in Figure 2.2 are the areas in which axial forces act on the cylinder barrel.
Highlighted in yellow are areas where pressurised fluid tends to clamp the cylinder
barrel to the port plate. These areas occur where the cylinder bore changes in profile

from circular to slot shaped. An additional clamping force due to the retaining spring
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acts at the centre of the cylinder barrel. The face upon which this spring bears is
shown in blue. Also shown in Figure 2.2 are the kidney shaped ports within the port

plate.

a) Swash plate side of'the cylinder barrel b) Port plate side of'the cylinder barrel

¢) Suction and discharge ports on port plate

Figure 2.2 Axial forces acting on cylinder barrel

Shown in red is the contact land of the cylinder barrel, which bears on the port plate.
During rotation a film of fluid develops between the two, tending to separate the
cylinder barrel and the port plate. Although there is a fluid film around the entire land,
the region of the barrel adjacent to the discharge port of the pump is subject to the
highest pressure and thus greatest separation force. The area of the land radially inside

and outside of the discharge port is also pressurised. This pressure reduces to
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atmospheric at the radial extremities of the land [38]. Areas of the land between
adjacent slots are exposed to the full working pressure of the pump when in the outlet

port. Similarly, the clamping forces are greatest for the bores within the outlet port.

An experimental analysis on the characteristics of the film between the cylinder block
and valve plate was undertaken by Yamaguchi et al [39]. They developed a test
apparatus that simulated the port plate and cylinder barrel of an axial piston pump.
This apparatus used eddy current sensors to measure the separation of the components
in four locations. Yamaguchi et al determined that the clearance fluctuates over a
single rotation of the cylinder barrel, and that this fluctuation was more prevalent at
high pressures and at high speeds. In addition, they found that the cylinder barrel
developed a small angle of tilt relative to the port plate. For a fluid pressure of
14.7MPa and rotational speed of 1500rpm, the mean clearance was found to be 15um,
with the clearance approximately 2um lower on the high pressure side of the port
plate. In addition, Yamaguchi et al measured the flow rate of fluid. Increasing the

pressure was found to increase the clearance and hence increase the leakage flow rate.

Kim and Jung measured the cylinder barrel clearance by installing a single
displacement sensor in the cylinder barrel of an axial piston pump [40]. The
connecting cable was fed through the pump shaft and connected to a data acquisition
system via a slip ring unit. Small fluctuations in clearance were found over the
pumping cycle. These were similar to those found by Yamaguchi et al, and attributed
to the pressure pulsations produced by the nine pistons. In contrast to Yamaguchi’s
findings, a significant difference in clearance was found between the suction and

discharge ports. This difference could be due to differences between the two test
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apparatus. Yamaguchi’s apparatus was built to simulate the cylinder barrel, and the
cylinder barrel was restrained radially by roller bearings. In contrast, the cylinder
barrel used by Kim and Jung was in an actual pump, and was attached to the pump
shaft via a splined section. Since splines have a relatively poor tolerance of clearance,
they potentially provided less restriction in movement of the cylinder barrel.
Furthermore the geometry and therefore effective pressurised areas for each apparatus
are unknown. Therefore there could have been a significant difference between the
forces acting on each cylinder barrel. It is therefore difficult to compare the two sets
of results without further knowledge. At a pressure of 15MPa and speed of 1500rpm,
Kim and Jung measured a minimum film thickness of 15um. Under these conditions,
the maximum film thickness, located at the inlet region of the pump, was found to be
35um. The angle of tilt between the cylinder barrel and port plate was found to
increase with an increase in discharge pressure. The clearance at the discharge region

of the pump reduced with increasing pressure.

In addition to the tilting of a cylinder barrel, which has been shown to be
characteristic of axial piston pumps under normal use, research has been carried out
into the transient conditions that occur under certain operating conditions. Jacazio and
Vatta [41] analysed the conditions leading to cylinder block lift in axial piston motors.
Block lift results in the sudden movement of the cylinder barrel away from the port
plate. This reduces the hydrodynamic pressure between the barrel and port plate, and
is hence followed by reattachment of the cylinder barrel and port plate. Block lift is a
transient condition and is most likely to occur when a motor is operating at, or past its

design pressure. It can also occur at high rotational speeds, when the hydrodynamic
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pressure arising between the rotating block and stationary port plate becomes

critically high.

Parallel research at Cardiff is currently considering the leakage and pressure
distribution between the barrel and port plate. This is currently determined from the
Reynolds equation of lubrication in polar coordinates. When taking tilt and rotation
into account, and assuming the flow moves in a radial direction, the Reynolds

equation takes the form:

O P = 6puar? ,
6r[r ar ) M 50 21

Equation (2.1) can only be solved using some approximations for geometry due to the
complex integrations needed. The two solutions for the inner and outer lands of the
port plate are added together to give a solution for the leakage flow rate. Leakage due
to the timing grooves should also be considered but this is insignificant when
compared to the main grooves. The solutions are under development, but were not at

the stage for comparison with the CFD results presented in this thesis.

2.2.3 Leakage around the peripheral of the pistons

For this particular case, equations may be developed and based on the one-
dimensional Reynolds equation of lubrication, the Couette Poiseulle equation, and the
continuity equation. Laminar flow is assumed, and each land and groove is modelled
as a flat plate. Relative motion between the piston and cylinder barrel exists, and no
eccentricity is considered. The one dimensional Reynolds equation of lubrication in

Cartesian Coordinates can be written as shown in equation (2.2):
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Earlier work at Cardiff has resulted in a complex solution to this equation, where
piston position and barrel speed are considered [42, 43]. This leakage flow is

negligible in comparison with slipper and port plate leakage.

Yamaguchi found that the leakage between a piston and its bore is more dependent on
the velocity of the piston than the pressure differential along the bore [44]. He also
found that using a tapered piston, with a smaller diameter at the high pressure side of
the pump, tended to stabilise the pistons, restoring them centrally in the cylinders.
Sadashivappa et al studied the effects of out-of-roundness and taper on piston
performance [45]. Test pistons with out-of-round profiles were fabricated and, once
measured, installed into a commercially available pump. The taper on these pistons
was similar to the pistons considered by Yamaguchi, with a smaller diameter at the
pressure end of the piston. Similarly, a set of pistons with a high level of roundness
and consistent radial clearance was manufactured. Sadashivappa tested the frictional
characteristics of each set of pistons and found that the out-of-round pistons produced
a lower level of friction than the cylindrical pistons. The leakage flow rate was highest
with the cylindrical pistons; however they operated with a higher clearance. Lasaar,
used the “CASPAR” software to measure the flow of oil flow around a piston during
pump operation [9, 10]. Like Yamaguchi, he found that the motion of the piston could
cause fluid to flow back into the piston chamber. This effect was reduced with larger
piston clearances or an increase in discharge pressure. Lasaar also investigated pistons
with a cross section that reduced parabolically at both ends. The reduction in diameter

was in the order of 10um, and it was found that this profile could reduce both leakage
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and frictional resistance. The radial movement of a piston in its bore was
experimentally investigated by Tanaka et al. This was achieved by means of four eddy
current position sensors installed in a cylinder bore [46]. This work demonstrated that
the frequency of movement of a piston is dependent upon the operating conditions.
Under conditions of high rotational speed and under high loads, the rotation of the
piston was found to coincide with the relative movement of the swash plate. Under
lower speed and reduced loads, the frequency of rotation of the piston was found to

reduce to half of the rotational speed of the swash plate.

2.2.4 Lubrication of the pistons on the swash plate

The lubrication of slippers on the swash plate has been the subject of a significant
amount of research, since their operation has a significant impact on wear, efficiency
and overall reliability of the pump [47]. Fisher studied a hydrostatic single land
slipper, with a rotating swash plate [48]. He determined the pressure distribution for
both a flat and tilted slipper. From the pressure distribution he determined the load
carrying capacity of the slipper. He showed that hydrodynamic effects increased the
pressure at the trailing edge of the slipper, and hence tended to return the slipper to a
flat position. Safar analysed the pressure distribution, load capacity and lubricant flow
rate for a hydrostatic bearing when under tilted conditions [49, 50]. He demonstrated
that for a parallel bearing, the pressure distribution is logarithmic in the radial
direction, and symmetrical in the circumferential direction. For a slipper tilting
forward, he found that negative pressures existed. As the tilt of the slipper increased,
the magnitude of these negative pressures increased, and cavitation was possible.
Iboshi and Yamaguchi, conducted both a theoretical and analytical analysis of slipper
behaviour [51, 52]. They considered the transient nature of supply pressure to the

slipper, and concluded that under certain conditions, the slipper could make contact
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with the swash plate. This was especially likely to happen under high pressures and
rotational speeds. Additionally they found experimentally, that under steady
conditions, the slipper clearance fluctuated. Takahasi et al carried out a theoretical
analysis based on laminar incompressible flow between parallel disks [S3]. A varying
gap between the bearing surfaces was modelled, as well as a varying, and constant
flow rate of lubricant. This work was followed by an experimental analysis, where the
slipper was moved perpendicular to the bearing faces via a cam drive mechanism.

Harris et al modelled a slipper pad’s behaviour over an entire pumping cycle [54, 55].
As shown by Yamaguchi [51, 52], Harris established that contact between the slipper
and swash plate was particularly likely to occur when the piston made the transaction
from suction to delivery regions of the pump. This was shown physically by the
location of witness marks on the swash plate of a dismantled pump. It was also shown
that the slipper operates with small clearance in the delivery region of the pump, and
with a greater clearance in the suction region. Additionally, the angle of tilt of the
slipper was shown to dramatically increase when in the suction region of the pump. At
high rotational speeds, the central clearance of the slipper was found to be consistent
throughout the delivery stroke. However, at these higher speeds, the minimum
clearance reduced and hence contact between the slipper and swash plate was more
likely. In agreement with Harris, Manring [56] indicated that the greatest angle of tilt

was likely to occur as the piston moved from the delivery to the suction region of the

pump.

Kazama applied a mixed lubrication model to hydrostatic thrust bearings [36]. The
effects of surface roughness, frictional torque and speed of rotation were considered.

With a clamping ratio greater than unity, contact between the bearing surfaces was
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possible. Contact between the surfaces led to greater levels of friction, and hence
increased power losses. Conversely, clamping ratios less than unity led to higher flow
rates, and hence a power loss due to fluid leakage. These characteristics were found to
be more prevalent at high supply pressures. This research was followed by an
experimental validation which demonstrated a high level of agreement with the
theoretical results [57]. Canbulut developed an artificial neural network for the
analysis of frictional losses of slipper bearings [58, 59]. In addition to his theoretical
work he investigated the power losses experimentally. Different slipper geometries
were investigated, and it was found that larger ratios of pocket to overall slipper
diameter reduced the frictional power losses. Whilst reducing the frictional losses,
slippers with a relatively large pool were shown to exhibit a larger fluid leakage
characteristic. The clamping ratios explored in this work ranged from 2.27% to
68.36%. This range is well below the design boundaries of commercially available
piston assemblies, which are usually designed to have a clamping ratio closer to
100%. Furthermore, the maximum pressure used was 30 bar, which is very low for an

axial piston pump application.

Bergada and Watton [60], developed an approach for multiple land slippers. Previous
work had either utilised a single land slipper, or assumed that the groove created no
lift, with it being vented to atmospheric pressure [61]. Bergada demonstrated that for a
flat slipper, the pressure profile was independent of clearance, and that the pressure
drop radially across the groove was negligible. Overall, the presence of a groove,
creating two lands, increased the leakage flow rate by approximately 7% when

compared to a single land slipper with otherwise identical dimensions.
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Hooke and Kakoullis measured the clearance between the slipper face and swash plate
by installing displacement transducers within a swash plate [47, 62]. A cluster of four
transducers was located in the centre of the high pressure region of the pump. By
arranging the four transducers in a quadrant, an attempt was made to measure the
clearance at the inside, outside, front, back and centre of the slipper as it passed
through the measurement region. Although this was deemed to be representative of
steady state conditions, measurement through swash plate mounted transducers only
allowed the clearance to be measured at one specific location of the piston cycle.
Repeatable results were obtained for individual pistons, however results between
seemingly identical slippers were found to vary significantly. Reasons for this
behaviour could only be attributed to small geometrical differences of the slipper
surface and ball joint. Further experimentation was carried out by Hooke and Li using
a test apparatus developed to analyse slipper behaviour under simulated conditions
[63, 64]. A test rig was constructed using a stationary cylinder block and rotating
swash plate. Slipper clearance was found to vary for different slipper geometries.
However, all results indicated that the leading edge of the slipper had a greater
clearance than the trailing edge. Additionally, it was established that the tilt
perpendicular to the direction of motion was insignificant. For slipper with an 8mm
land, the measured clearances were 22um and 13um for the leading and trailing edges
respectively. For a slipper with a 2mm land, these clearances were reduced to
approximately 4um and 3pm for the leading edge and trailing edge clearance

respectively

This work was extended by reproducing the couples experienced by the slipper whilst

operating within a pump [65]. These couples are largely due to the centrifugal loads
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from the pump rotation, friction within the assembly ball and socket joint, and drag
between the slipper and swash plate surfaces. The couples were replicated by holding
the slipper in the eccentric bore of a piston. A range of offsets were investigated by
varying the rotation of the piston and eccentricity of the bore. Again, the displacement
sensors were mounted in the rotating swash plate, and hence the slipper clearance was
only measured at a specific angular location. In this work, however, the swash angle
was zero, and thus the slipper to swash plate clearance was assumed to be continuous.
It was found that the load offset had a large influence on the clearance that the slipper
operated with. A centrally loaded slipper was found to operate relatively flat, however
moving the load towards the rear of the slipper increased the angle of tilt. By moving
the load towards the rear of the slipper, it was established that the clearance of the
leading edge of the slipper increased, whilst the clearance measured at the trailing

edge remained largely unchanged.

Koc et al [37], performed a further experimental investigation of the effect of
clamping ratio and orifice size on the performance of slippers. He found that polishing
of the running face optimised running conditions. Koc also discovered that slippers
operate perfectly satisfactorily with no hydrostatic lift, for example, with the orifice
blanked. In fact, the slipper was found to be more stable with the orifice blanked, and
had maximum resistance to tilt when operating under these conditions. For all
conditions, it was found that an oil flooded swash plate was essential. Removal of this
oil substantially reduced the slipper clearance, especially with the lubrication hole
blocked. Koc’s research was carried out using a slipper with a single land and hence

one with no groove.
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Slipper clamp ratios were examined experimentally using a steady state slipper swash
plate apparatus [61, 66]. This analysis found that slippers which are under clamped,
with large orifice diameters, tend to operate with larger central clearances and tilts
than slippers that are over clamped and have no orifice. Slightly over clamped slippers
were shown to operate with a higher leading edge, with under clamped slippers being
more unstable, operating with a larger clearance at the trailing edge. Over clamped
slippers were found to give a consistent and predictable clearance characteristic over a
range of offset distances. Conversely, under clamped slippers were found to be
sensitive to offset loadings and demonstrated a relatively unstable mode of operation.
This research was conducted for slippers with a single land, and hence the effect of a
groove on the stabilisation of the slipper was not considered.

It has been shown that slippers with a single land operate move effectively with a
slightly convex surface [67]. This enables the slipper to maintain hydrodynamic lift
when the slipper is flat, as the leading edge produces lift, with the trailing edge
cavitating. The minimum clearance of the slipper is relatively insensitive to the degree
of non-flatness and this non-flatness is largely caused by wear and loading

deformations during pump operation.

Manring et al [68, 69] developed a test apparatus to measure the pressure profile of
the fluid supporting a slipper. In this work, there was no relative motion between the
bearing surfaces. The test apparatus consisted of a piston within a bore. Hydraulic
pressure was supplied to the piston bore forcing the piston against a stationary block.
Several pressure taps were drilled into the block at different radial distances from the
centre of the slipper. One of these was located under the pocket of the slipper, with

five located across the area under the land of the slipper. These pressure taps were
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connected to pressure gauges mounted around the peripheral of the block. A pressure
profile was then determined and thus the load carrying capacity of the slipper was
estimated for each inlet pressure. A flow meter located in the supply line of the test
apparatus measured leakage of oil by measuring the flow rate of oil into the piston.
The main aspect of this work was to investigate the characteristics of slipper bearings
using different socket geometries. This was based on the idea that different socket
geometries would affect the deformation of the slipper whilst under pressure, and
hence impact the load-carrying capacity of the slipper. Manring found that lowering
the contact point of the ball joint reduced the flow rate of oil across the face of the
slipper. This suggested a reduction in deformation of the slipper face. Locating the
contact point closer to the top of the joint tended to increase the load-carrying
capacity of the slipper. However, no clear trend for this characteristic was present
over the range of contact locations. All of the test specimens were geometrically
identical to the original design slipper apart from the socket geometry. The range of
socket geometries, however, was limited, with all of the test specimens exhibiting a
significantly higher socket contact point than the original slipper. It was therefore
concluded that raising the contact point did indeed increase the load-carrying
characteristic of the slipper, but by doing so, greatly increased leakage. No optimal
solution to socket geometry was found, as high levels of leakage are generally deemed
undesirable.

Parallel research has considered an analytical solution with the assumptions of
laminar flow in a radial direction. This work considers a tilted slipper operating under
steady conditions where the slipper pocket, groove and slipper lands are flat. The
rotation of the slipper is also taken into account. This then allows solution of the

Reynolds equation as follows [70, 71]:
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The solution is again complex, resulting in a generic equation capable of generating
the pressure distribution equations for a slipper with any number of lands. Due to the
complexity of the integral, equation (2.3) must be integrated numerically to determine
the leakage. This is work being under taken with visiting researcher Dr. J.M. Bergada,

and is shown in Appendix Al, as it is under publication review.
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2.3 Water-Based Fluids

The research described previously has utilised hydraulic oil as the pumping, and
hence lubricating fluid. However in recent years, the fluid power industry has re-
examined the feasibility of using water and water-based oils as the hydraulic medium
within piston pumps [33, 72-81]. This research has been driven primarily by the
environmental, economic and safety advantages of using water in place of oil [73].
The main problems arising from using water in hydraulic pumps are corrosion and
poor lubrication. The reduction in lubrication can lead to increasing levels of wear,

reducing the volumetric efficiency and ultimately leading to failure of the pump [79].

A pure water axial piston pump was developed by Li et al [73]. In this pump, there
were seals around each of the pistons, and hence the pistons and the port plate to
cylinder barrel interface were lubricated with water, whilst allowing the shaft bearings
and slipper to swash plate interfaces to be oil lubricated. There are complications
associated with the sealing of the separate water and oil areas; manufacture cost and
consequence of failure being of importance. These factors led to development of a
pump using pure water as both a pumping medium and lubricant for all components.
The poor lubrication properties of water were found to increase contact between
mating parts, causing surface damage and wear. Furthermore, the low viscosity of
water potentially increases the leakage rate, and hence reduces the volumetric
efficiency of the pump. Consequently much of the research in the development of
water axial piston pumps has concentrated on material selection and surface
treatments, rather than the re-design of the mechanisms within the pump. Shudong
[75] proposed splitting the slipper into two parts; the main body of the slipper made

from stainless steel, with an inserted bearing pad made of a polymer. This
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combination of materials ensured both structural rigidity of the ball joint and good
lubrication properties of the slipper face. Shudong tested a range of materials for use
on the slipper face, and concluded that a carbon fibre reinforced polyetheretherketon
(PEEK) slipper insert pad offered the best wear performance. The resulting composite
slipper was combined with a stainless steel swash plate. Li and Hooke [72]
investigated composite slippers, finding that the analysis developed for predicting
slipper behaviour under oil lubrication could be extended to water lubrication albeit
with smaller clearances. Huanlong et al proposed a new slipper design, shown in
Figure 2.3, which comprised of three cavities on the face of the slipper [80]. Here
each of the cavities was connected to the lubrication orifice of the slipper and hence
during operation contained high pressure fluid producing a hydrostatic separation

force.

A\ ¢

7

Section A-A

Figure 2.3 Multi-cavity slipper design

A CFD simulation of both a traditional single land slipper and the new multi-cavity

slipper was performed. From the results, Huanlong concluded that the multi-cavity
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slipper was more resistant to tilt, and had a lower leakage flow rate than the traditional
slipper [80].

Due the poor lubrication properties of water, the use of water-based hydraulic fluids
has been investigated [33, 73]. Water-based hydraulic fluids contain approximately
95% water, with the remainder being hydraulic oil. This oil-emulsion exhibits better
lubrication properties than water, whilst maintaining some of the environmental and
safety advantages of being predominantly made up of water. The extra lubrication
properties enable pumps designed to work with mineral oils to be used without

premature wear and failure occurring.
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Chapter 3. Axial Piston Pump Analysis
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3.1 Introduction

CFD simulations run by Wiklund [17] were successful in simulating the dynamic
movement of an axial piston pump. This enabled regions of caviation to be identified.
Later simulations by Fairhurst using the “FLUENT” software [33] had the capacity to
model the volume of fluid between the cylinder barrel and port plate, and hence
establish the leakage from this region, although the computation of output flow ripple

was not pursued.

The work presented in this chapter aimed to produce a steady state CFD simulation of
an axial piston pump, modelling leakage between the barrel and port plate, in addition
to modelling leakage through the pistons. It was recognised that producing a CFD
pump model that incorporated slipper leakage geometries would require a mesh with a
substantial number of cells. Building and running such a model was beyond the
processing capacity of the workstation available. Although this was somewhat
limiting, the consequential model did include leakage through each slipper. This was
accomplished by generating a separate mesh representative of a single slipper. Results
obtained from this model were used to calibrate volumes of cells within the main
pump model. Leakage past the face of the cylinder barrel was modelled using a
similar approach to that implemented by Fairhurst [33]. Supplementary to the three
dimensional models, a two dimensional axis-symmetrical mesh was produced which

modelled the leakage of oil between a piston and its bore.

In addition to the CFD simulations, this chapter details an experimental investigation
of an axial piston pump. An existing axial piston pump was modified, enabling

pressure transducers to be installed in the cylinder chambers. Transient pressure
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measurements from three of the nine piston chambers were subsequently obtained. In
addition, the leakage from the pump was measured. Also presented in this chapter, is a

comparison of experimental results with those obtained through the CFD simulations.
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3.2 Materials and Methods

3.2.1 Pressure transducer fitment

In order to measure the transient pressure within an individual cylinder chamber, a
pressure transducer had to be mounted in the discharge end of the piston bore. The
key difficulty to overcome was the lack of space between the cylinder barrel and the
inside of the pump casing. The radial clearance between the barrel and pump case was
14.5mm. The available pressure transducers measured 9mm in diameter and had an
overall length of 24mm excluding the cable. A fitment was therefore designed which
connected a pressure transducer to the relevant cylinder bore. This fitment enabled the
transducer to be positioned on the peripheral of the cylinder barrel, aligned in an axial
direction, parallel to the pump shaft. This fitment had to be robust enough to
withstand the high cyclic pressures that it would experience during pump operation.
This consideration affected the method of fitment to the cylinder barrel. In addition,
an adequate flow path was required between the bore and the face of the pressure
transducer, whilst limiting the dead volume to minimise compressibility effects on the

pressure readings.

The fitment consisted of two parts. The first was a module that the pressure transducer
screwed in to. This featured an internal annulus with porting to the face of the
pressure transducer. The second component was the hollow bolt which secured the
assembly to the cylinder barrel. This bolt featured two radial holes, which aligned
with the annulus when assembled. This two part assembly enabled the bolt to be
tightened to an appropriate torque, whilst ensuring the transducer body was aligned

along the length of the cylinder barrel, and significantly, maintaining a flow path for
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any angular position of'the bolt. The assembly, shown in Figure 3.1 was manufactured
from stainless steel and copper washers were used to seal the mating faces. Three of
these assemblies were produced, enabling the pressure to be monitored in three of the
nine cylinders. Before being installed within the pump, the three pressure transducer

assemblies were tested statically, up to a pressure of 200 bar.

(a) pressure transducer, (b) transducer fitment (sectioned), (c) hollow securing bolt

Figure 3.1 Pressure transducer assembly

Once installed in the pump, the operating clearance between the top of each fitment
and the inside of the case was approximately 2mm. It was intended that the
symmetrical positioning of the transducers in every third cylinder bore would
minimise rotational imbalance within the pump. The cylinder barrel, with an
assembled and an exploded view of a pressure transducer assembly is shown in Figure

3.2.

In order to connect the sensors to charge amplifiers and an oscilloscope, a slip ring
assembly was used. The cables from the three pressure transducers were threaded
through a 2mm hole in the barrel, located between the ports of two consecutive piston
bores. The pump shaft was modified so that the cables could then be threaded through

the centre of it. Silicone sealant was used to seal the end of the pump shaft where the
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three sensor cables protruded. This provided a semi-permanent seal for any oil within
the pump shaft, whilst allowing easy disassembly. The pressure of oil in this area was
low during operation, hence silicone sealant was considered adequate. The slip ring

assembly was mounted onto the pump via a specially designed coupling.

(a) pressure transducer, (b) hollow screw, (c) copper sealing washer, (d) assembly
body (e) copper sealing washer, (f) cylinder barrel

Figure 3.2 Pressure transducer assemblies and cylinder barrel
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The coupling assembly, shown in Figure 3.3, consisted of a cylindrical section which
had a flange at each end. This coupling housed a short shaft, which connected to both
the pump and slip ring shafts by means of keyways. The shaft was supported by a
bearing at each end. Between these, a gaiter seal provided containment for the oil in
the pump casing. The coupling assembly was bolted to the pump face and used an o-
ring for sealing. The slip rings were attached to the flange labelled “f’ in Figure 3.3,

with the entire assembly shown in section in Figure 3.4.

(a) original pump shaft, (b) hollow coupling shaft, (c) oil seal, (d) bearing (e) bearing,
(f) flange for connection to slip rings

Figure 3.3 Coupling assembly: Sectioned surfaces in red
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3.2.2 Calibration of pressure transducers

Following the pressure testing of each assembly, and before installation into the
pump, each pressure transducer and corresponding charge amplifier was calibrated to
determine the pressure - output voltage characteristic. Figure 3.5 shows a pressure
test being conducted using an oil operated dead weight tester. This equipment was

also used for the calibration.

Figure 3.5: Pressure testing the pressure transducer fitment

The calibration curve for one transducer is shown in Figure 3.6. The curves for the
other two transducers are shown in Appendix A.2.1. The calibration curve for each
transducer was determined to be linear. For data collection, two oscilloscopes were
used. The first was a “Tektronix” 4 channel oscilloscope, which enabled data to be
collected simultaneously from the three pressure transducers. In addition, this

oscilloscope could be connected to a workstation via a serial port to allow data to be
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analysed. The second oscilloscope was a PC based data logger (Pico Technology Ltd,
UK) which combined with acquisition software, allowed data to be directly captured
on to a Microsoft Windows based workstation. Although only two channel, this
logger had a resolution of 12 bit, compared to the Tektronix resolution of 8 bit. Thus,

it was able to detect a smaller change in signal amplitude.
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Figure 3.6: Calibration curve transducer 26766 and charge amplifier #1

3.2.3 Hydraulic circuit

Shown in Figure 3.7 is a schematic diagram of the hydraulic circuitry constructed for
this research. The first circuit was the drive circuit. This consisted of a motor-driven
gear pump which provided hydraulic flow to an axial piston motor. Prior to the inlet
of the axial piston motor was a flow control valve. This was used to vary the flow rate
of oil to the motor inlet, and hence could control its rotational speed. Directly coupled
to the hydraulic motor was the axial piston pump equipped with the pressure

transducers described above. The axial piston pump formed part of the second
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hydraulic circuit which contained a relief valve. This relief valve, placed at the outlet
of the pump, provided the capacity to adjust the load on the pump. The oil reservoir
for the axial piston pump was placed with the oil surface at a height of 2.25m, thus
providing a positive pressure at the inlet of the pump. By adjustment of the flow
control valve and pressure relief valve, the axial piston pump could be run at variable

speeds and loads.
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Figure 3.7: Hydraulic circuit diagram
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A pressure gauge was located between the outlet of the pump and the pressure relief
valve. This enabled the mean outlet pressure to be monitored. A pressure gauge was
later located just before to the inlet of the pump to confirm a steady inlet pressure.
Since the tank was raised above the inlet, as shown in Figure 3.8, the inlet pressure

was estimated using Bernoulli’s Equation.

Tank

Figure 3.8 Tank height relative to pump
P,-P =pgz-ip’ (3.1

Where, p is the fluid density, g is the gravitational constant, z is the height shown in
Figure 3.8, and v is the velocity of fluid through the pump inlet hose. At a speed of
1100 rpm, the flow rate developed by the pump was 33.6 litres per minute. With a
32mm diameter inlet hose, this flow rate requires an inlet velocity of 0.7m.s™.
Therefore, with the difference in height, z, of 1.25 metres, Equation (3.1) implies a
pump inlet pressure of 0.105bar above atmospheric pressure. The Reynolds number of

this flow was calculated to be 608 using Equation (3.2) confirming laminar flow [82].

Re=pv—d
u

(3.2)
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Thus equation (3.3) could be used to determine the frictional pressure loss, which with

a hose length (/) of 2m was determined to be 0.014 bar

- 1280

Q (3.3)

Thus an inlet pressure of 0.09 bar above atmospheric was assumed for the inlet

pressure of the pump.

3.2.4 Flow rate measurement

Oil flowing through the outlet of the pump was measured by a Kracht flow meter,
which worked on the gear motor principle. This flow meter was placed directly after
the relief valve in the outlet line. Fluid leaking from the pump was initially intended
to be measured using a Kracht flow meter. During operation leaked fluid accumulated
in the pump casing, and hence was effectively at atmospheric pressure. This meant
that the gear type flow meter used for the outlet flow could not be used, as it required
a pressure differential of several bar to function: Installing such a flow meter in the
leakage return line would have caused pressure to build up in the pump casing. This
would have potentially caused leakage past the pump bearings, which were not
designed to contain this level of pressure. Additionally it would have caused leakage
past the shaft seal on the connecting slip ring assembly. The fluid collecting in the
pump case was therefore measured by disconnecting the hose returning the leaked oil
back to the tank, and collecting it in a measuring cylinder. The flow of oil was timed
using a stop watch to determine the volumetric flow rate. Care was taken to maintain
the height of the end of the hose during collection so as to ensure a steady flow rate of

oil.
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3.2.5 Shaft speed measurement

Shaft speed was measured using a hand-held optical speed sensor. This was used in

conjunction with a strip of reflective material that was attached to the pump shaft.
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3.3  CFD Pump Simulation

3.3.1 Mesh considerations

For 2-D models “FLUENT” can use meshes comprised of triangular or quadrilateral
cells, or a combination of the two. 3-D models can comprise of a combination of
tetrahedral, hexahedral, pyramid or wedge shaped cells. The appropriate grid type is
dependent on the specific application, and the factors affecting the choice of mesh

scheme are interrelated. The main factors to be considered were:

¢ Geometry of meshed area or volume
e Setup time
e Computational expense

e Numerical diffusion

3.3.1.1 Geometry of meshed area or volume

The actual geometry of the mesh will ultimately dictate the best meshing scheme. For
example, a dynamic grid utilising layering requires quadrilateral cells in 2-D or
hexahedral cells in 3-D. Furthermore, the direction of flow of the fluid should be
considered when producing the mesh. Aligning the mesh with the flow will result in a
quicker level of convergence at the processing stage. For meshes containing both
small clearances and large volumes, the use of tetrahedral, pyramid and wedge shaped

cells enables the transition between regions of differing cell density.
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3.3.1.2 Setup time

Creation of grids consisting of quadrilateral or hexahedral cells can be very time
consuming for complex geometries. Therefore, grids utilising triangular or tetrahedral
cells are widely used for complex geometries. For simpler geometries time may not be
saved by using triangular or tetrahedral cells so the cell type utilised will be more

dependent on the other factors to consider.

3.3.1.3 Computational expense

When geometries are complex, a triangular or tetrahedral mesh can often be created
with far fewer cells than the equivalent quadrilateral or hexahedral elements. This is
because the triangular or tetrahedral mesh allows better control of the intensity of cells
in specific regions. Conversely, quadrilateral or hexahedral meshes will offer less
control by forcing cells to be placed in areas where they are not needed. One
characteristic of quadrilateral or hexahedral cells is that they permit a much larger
aspect ratio than triangular or tetrahedral cells. This makes them ideal for certain
applications such as modelling a long thin duct. Utilising quadrilateral or hexahedral
cells in this circumstance would result in far fewer cells than if triangular or
tetrahedral cells were utilised with a similar aspect ratio. Due to computational
processing restrictions, compressibility was not considered within the CFD models

presented.

3.3.1.4 Numerical diffusion

Numerical diffusion is a consequence of representing the fluid flow in discrete form.
The errors arising from numerical diffusion can be reduced by using the second order
discretization scheme within “FLUENT”. This helps reduce the effects of numerical

diffusion on the solution. However, this sometimes results in reduced convergence.
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An alternative solution is to refine the mesh by either employing quadrilateral or

hexahedral cells which are inline with the fluid flow, or to increase the cell density.

3.3.2 2-D simulation of a single piston

A two-dimensional axis-symmetric model of a single piston was created using the
“GAMBIT” software package, which is a pre-processor to the “FLUENT” CFD
software. The mesh generated is shown below in Figure 3.9. This mesh was able to
simulate the leakage through the lubrication orifice, and between the actual piston and
its bore. A clearance of 10um was assumed for the clearance of the slipper, whilst a
radial clearance of 12um was assumed for the piston bore clearance. The piston bore
clearance was based upon measurements taken from a piston and corresponding
cylinder bore, and was very similar to the clearance used by Lassar in his research on
piston geometries [9]. The CFD model was created with the assumption that the
piston was concentric within its bore, with no change in radial clearance along its
length. Pistons have been shown to move radially during pump operation, however
the difference in leakage between a tilted piston and a concentric one has been shown
to be very small [83, 84]. A kinematic viscosity of 32mm?.s”, associated with an oil

temperature of 40°C for an ISO 32 mineral oil, was assumed for all CFD models.
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Figure 3.9 2-D Axis-symmetric mesh of'a single piston

A time dependent UDF was implemented which controlled the pressure at the inlet to
the cylinder bore, depending upon the hypothetical angular rotation of the piston bore.
The velocity of the piston was also controlled relative to the angular rotation of the
piston, and deforming zones allowed the volume of fluid within the piston to change
accordingly. The pressure and velocity of the piston relative to the angle of rotation
are shown in Figure 3.10, where the discharge stroke is denoted by a negative piston

velocity.
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Figure 3.10 Variation of velocity and pressure

The end of the piston was observed to leave the cylinder bore during the suction
stroke, as shown below in Figure 3.11. Thus the length of the leakage path along the

length ofthe piston varied over time, being shortest at the end ofthe suction stroke.

End of discharge stroke

End of suction stroke

Figure 3.11 Piston at extremities of stroke
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This was replicated within the CFD model by making part of the clearance deform,

thus ensuring the dimensions of the clearance were correct at each time step.

The deforming regions of the mesh were constructed from quadrilateral cells,
allowing layering to be used as the method of mesh regeneration. Rather than
elongating and compressing the cell within the mesh, this allowed the region of cells
directly adjacent to the moving face to be automatically added or removed during the
deformation of the face, thus keeping cells of similar dimension within the mesh. The
remainder of the mesh was constructed from triangular cells. “Pressure Outlet”
boundary conditions were assigned to the edges representing the ends of the

clearances, and these edges were monitored for flow rate when the model was run.

3.3.3 3-D pump model

A three-dimensional model of the pump was developed, also using “GAMBIT”. This
model replicated the pumping dynamics of the pump, and included the major leakage
paths within the pump. The geometry produced is shown in Figure 3.12 and Figure
3.13. The geometry was produced from separate volumes, sharing common faces.
This enabled the mesh to move and deform replicating the change in volumes that
occur during pump operation. The volumes in Figure 3.12, labelled with blue faces
represent. the volume of fluid in front of each piston. As the pistons reciprocate, these
volumes changed in volume accordingly. Hence they were specified as deforming
zones. The circular face at each end of these volumes was specified as a rigid body,
but with a motion controlled by a User Defined Function (UDF). The velocity of each
piston is dependent on its angular location, and hence each piston was assigned a UDF
representative of this. The UDF assigned to each piston is shown in Appendix

A22.1.
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Dynamic layering was used in this model to maintain mesh integrity during
deformation. This meant that the volumes representing the pistons had to be meshed
using a hexahedral meshing scheme. Volumes shown to the right of the moving face
in Figure 3.12, depicting the volumes within the hollow pistons, were specified as
rigid. These volumes were assigned a velocity equal to that of the moving face on the
adjacent deforming zone. In addition to the deformation and velocity settings, all
volumes representing the pistons were assigned a rotational boundary condition, about
the central pump axis. This combined with the reciprocating motion of each piston,

replicated the pumping dynamics of the pump.
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Key: Deforming zone Outlet | | Porous zone

Figure 3.13 Partial CFD pump model showing inlet and outlet ports

The face on the end of each piston slot was assigned an '‘Interface” boundary
condition. The adjoining face representing part of the port plate was also assigned an
“Interface” boundary condition. This enabled flow continuity between the two zones,
whilst allowing a sliding movement due to the relative rotational motion. In addition
to the interface boundary condition, the face representing the contact area of the
cylinder barrel was given a rotational velocity, about the central axis of the pump,
equal to that ofthe piston volumes. The pump mesh is shown in Figure 3.14. Selected
regions of mesh are also shown in subsequent figures. Figure 3.15 shows the mesh
representing the cylinder barrel to port plate interface. The portion ofthe mesh shows
the inlet and outlet ports, cylinder barrel clearance, and the nine piston slots within the

cylinder barrel. Shown in Figure 3.16 is the mesh at the slipper end of a piston,
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whereas Figure 3.17 illustrates the end of the cylinder barrel where the cylinder

changes to a kidney shape.

Figure 3.14 CFD mesh ofpump

Figure 3.15 CFD mesh of piston slots and kidney shaped ports
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Figure 3.17 Detail of'the cylinder to kidney slot interface mesh
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3.3.4 Outlet boundary conditions

Faces labelled red on Figure 3.12 and Figure 3.13 were allocated “Pressure Outlet”
boundary conditions. These faces were effectively exposed to atmospheric pressure,
and were used as locations to monitor leakage flow out of the model. The face

representing the outlet of the pump was also allocated a “Pressure Outlet” condition.

3.3.5 Porous zones

As stated previously, the computing power available was insufficient to model the
entire pump including all of the clearances between mating parts. The operating
clearances within an axial piston pump are small in comparison to the dimensions of
the surfaces being separated. Since low cell aspect ratios were required to avoid
numerical diffusion, a large number of cells would have been required to satisfactorily
mesh volumes representing clearances within the pump. Additionally, a smooth
transition was required between areas of different cell dimensions. This increases the
cell density in volumes which, independently, would not have required such a fine
mesh. Porous cells were therefore implemented as a method of simulating the small
clearances within the pump. Regions modelled in this manner were the end of each
piston, and the volume representing the clearance between the cylinder barrel and port
plate. In addition, a region of porous cells was implemented at the outlet, to provide
the required resistance to flow. Faces labelled yellow on Figure 3.12 represent the
volumes utilising porous cells. Separate calibration models were produced for each
region of porous cells and a resistance to flow coefficient was determined for each
model, which was then applied within the main pump model shown in Figure 3.12

and Figure 3.13.
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3.3.5.1 Porous zones at the end of each piston

A CFD model of a single slipper was produced. This slipper was assumed to operate
with a central clearance of 10um, which was based on experimental data for a slipper
of similar dimensions [63]. A maximum cell aspect ratio of 5:1 was employed, with
five cells spanning the gap between the face of the slipper and the swash plate. The

leakage was determined for a range of pressures, and is shown in Figure 3.18.

From the gradient of the curve, a resistance coefficient was calculated, based on
Darcy’s Law of laminar flow through a porous media, and assigned to the porous

boundary condition for each piston.

5.0E-07
4.5E-07 - /5
4.0E-07 +— —

3.5E-07
3.0E-07
2.5E-07
2.0E-07 -
1.5E-07 —— - -
1.0E-07 1

5.0E-08 +
0.0E+00

Flow rate / m %.¢™

0 30 60 90 120 150
Pressure differential / bar

Figure 3.18 Calibration curve for piston leakage at angular velocity of 150 rad.s™

Through the length of the porous region, the pressure drop is defined by the following

equation:

AP=-£yv.Am (3.4)
g
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Where u is the viscosity, v is the mean velocity (determined from the flow rate and
cross sectional area of the porous region), Am is the length of the porous region and o
is the permeability. The equation is negative as the pressure reduces in the direction of
flow. The porous region for each piston had a diameter of 2.2mm and a length of
2mm. From Equation (3.4), a value for ¢ of 4.65x10"°m? was calculated. This was

applied in the direction of the z-axis, along the length of the piston.

3.3.5.2 Cylinder barrel and port plate clearance

Based upon experimental work, the operating clearance between a cylinder barrel and
port plate has been shown to be approximately 15um at a rotational speed of 150
rad.s™ [39, 40]. To determine the value of permeability for this zone, a volume of cells
with cross sectional dimensions of 20mm by 15um was produced. This volume had a
length of 2.8mm, equal to the radial dimension from the piston slot across the land of
the cylinder barrel. Once the flow rate had been determined for a range of pressures,
as shown in Figure 3.19, Equation (3.4) was again implemented, this time making an
adjustment for the fact that the porous region within the pump model had a thickness
of 2.5mm, rather than 15pm. A value of 1.21x10"°m? was thus derived for o. This
was applied in the directions of the x and y-axis only, so that there was only a

resistance to flow in the radial directions.
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Figure 3.19 Calibration curve for port plate leakage

3.3.5.3 Pump outlet porous zone

The volume at the end of the outlet was calibrated in the same way as the other porous
regions. The value calculated was such that the pump developed the desired pressure
based upon the flow rate produced. The values required for the pump model to

develop a range of discharge pressures are shown in Table 3.1.

Table 3.1 Porous outlet calibration values

Pressure / bar Value of 6/ m*
20 2.68x 107
50 1.07x 107
70 7.67x 107"
100 537x107°
120 447x 107"
150 3.58x 10"

-63-



Chapter 3 Axial Piston Pump Analysis

34 Results

3.4.1 Experimental results

The output voltage from the charge amplifier is shown below in Figure 3.20. This

voltage is shown at a speed of 1100 rpm, for a pump outlet pressure of 100 bar.

500 1 — JE . o - ]
0.00 0.02 0.04 0.06 0.08 0.10
Time /s

Figure 3.20 Typical output signal from charge amplifier

By using the calibration curve determined for each transducer, one of which is shown
in Figure 3.6, the voltage signal was converted to represent the pressure experienced
by the pressure transducer. By measuring the speed of rotation, the pressure could be
plotted against angle of rotation rather than time. The resulting pressure
characteristics for a several operating pressures are shown in Figure 3.21. The

pressure transients observed were found to be very repeatable.
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Figure 3.21 Transient pressure characteristics

The measured output flow from the pump is shown in Figure 3.22, with the external
leakage shown in Figure 3.23. Although the output flow is relatively steady over the
pressure range tested, a small reduction in flow was evident. This reduction in flow
was partly due to the increase in external leakage, but also due to an increase in

internal leakage between the discharge and suction ports.

Outlet pressure I bar

Figure 3.22 Experimentally measured output flow from pump
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Figure 3.23 Experimentally measured external leakage from pump

The flow rates shown above are a mean calculated from four sets of results; however
the flow rates we seen to exhibit a high level of repeatability.
3.4.2 CFD results

The flow rate of oil between the piston and its bore is shown below in Figure 3.24.

The positive direction represents flow from the piston bore to the pump case.

0.60
0.50 + -
0.40 -
0.30 + -
0.20

Flow / ml.s™
o
o
o

0 60 120 180 240 300 360
Angle of rotation / degree

]
Figure 3.24 CFD derived flow through the gap between a piston and its bore, radial

clearance of 10um

- 66 -



Chapter 3 Axial Piston Pump Analysis

The outlet flow of the pump, shown in Figure 3.25, suggests a fluctuating flow of 18
ripples per cycle of the pump. This ripple varies between 45.09 and 47.16 litres per
minute, with a mean flow rate of 46.3 litres per minute. The pressure ripple at the
outlet of the pump follows a similar trend, shown in Figure 3.26. This was expected
and is due to the relationship between the flow and output pressure, as discussed when

calibrating the porous zone at the outlet of the pump.
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Figure 3.25 CFD derived outlet flow rate at 150 rad.s™
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Figure 3.26 CFD derived pump pressure at outlet

A comparison between the CFD and experimental instantaneous cylinder pressure is
shown in Figure 3.27 over two cycles. The regions of low pressure are when the
cylinder is in the inlet region of the pump, with the high pressure being in the outlet

region of the pump.

120
—— Experimental
§ 80 - - =
S 60 -
[
3
a 40 . -
20 1 1 - - 1 -
O , AL ORI § . |‘ 22 ¢ .
0 90 180 270 360 450 540 630 720
Angle of rotation / degree
it

Figure 3.27 CFD calculation of a single cylinder pressure transient
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The leakage through a single piston is shown in Figure 3.28. When in the high
pressure side of the pump, the leakage was found to be 0.029 L min™'. This value was
found to become negative just before the cylinder moved into the high pressure side
of the pump. This is because a momentary negative pressure, as shown in Figure 3.27
occurred at this instant. This negative pressure is an indication of cavitation occurring,
and the fact it is below zero bar absolute is a current limitation of the CFD package. A
momentary increase in flow occurs as the piston moves from the high pressure side of
the pump to the low pressure side. This is an indication of hydraulic trapping

occurring. The overall leakage through the pistons is shown in Figure 3.29.

0.08 -
oo6 { - — — — - —

004 { - -
002 f
0.00
o2 1 X

Leakage / I.min !

o4l o b

-0- 06 v T ¥ T T T T
0 90 180 270 360 450 540 630 720

Angle of rotation / degree

Figure 3.28 Leakage through a single piston
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Figure 3.29 Total leakage through pistons

The leakage between the cylinder barrel and port plate is shown in Figure 3.30. The
leakage from the outside surface was found to be greater than the leakage from the
inside edge. This was expected, as the circumference of the cylinder barrel land was

greater on the outside, thus creating a larger flow area.

0.8
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E 05 j Total
0 04 ~ ywn M MM M M M m M ¥ Al Outs Id0
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0.2

0.1

90 180 270 360 450 540 630 720

Angle of rotation 7/ degree

Figure 3.30 Leakage between cylinder barrel and port plate

By summating the leakage from the cylinder barrel and individual pistons, the overall

pump leakage was determined. This is shown in Figure 3.31.
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Figure 3.31 Total external leakage

By considering the overall leakage, and outlet flow rates, the volumetric efficiency of
the CFD modelled pump was calculated to be 98.4% when operating at a discharge

pressure of 150 bar.

An image showing the pressure contours within the CFD model is shown in Figure
3.32. This image shows pressure contours when running at an outlet pressure of 150
bar. The pressure gradient through the porous zone at the end of each piston can be

seen, as can the pressure drop across the face of the cylinder barrel land.
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35 Discussion

3.5.1 Experimental investigation

The pressure transients obtained from each channel all exhibited a similar shape.
There was the expected pressure differential between the outlet and inlet port, but also
a variation of pressure within the outlet stroke. At any instance there were multiple
pistons arriving and leaving each port. Thus it was suggested that the pressure
measured in one piston chamber was influenced by pistons moving into and out of the
same port. This was confirmed by superimposing the arrival and exit angle of each
piston, over a pressure transient as shown in Figure 3.33. Due to the geometry of the
ports and each piston slot, there is a 20° interval between a piston entering and leaving
the outlet port. The lines superimposed in Figure 3.33 show a clear correlation

between the pressure variation and the event of a piston either arriving into, or leaving

the outlet port.
120 R R T S B — : | :
L N |
W A T Tanen
T TV
5 80 | o ! | | ———-piston arriving | |
2 | L X ! : in outlet port
=~ Lo
€ 60 : b ! ! M [EPRPPPP piston leaving |_|
2 ! A : , | outlet port
® : . : | . | ; - T -
S L N S A N U
| T | L : oo
. | S N I
20 +f | Lo R e R A S R
IR R I R N N
0 ! 5 f I NV e e dutrnntis
0 40 80 120 160 200 240 280 320 360
Angle of rotation / degree

Figure 3.33 Pressure transient with piston entry and exit from outlet port

-73-



Chapter 3 Axial Piston Pump Analysis

The fluid within the bore of piston leaving the inlet port is at inlet pressure, and thus
when it moves into the outlet port, there is an equalisation of pressure. This has the
effect of reducing the pressure of fluid in adjacent cylinders. This is apparent in
Figure 3.33 at 40°, 80°, 120°, and 160°. Here pistons are entering the outlet port,
which already contains the cylinder containing the pressure transducer. The reduction
in pressure due the entry of a piston was found to vary with outlet pressure, and is
shown in Figure 3.34. After the reduction in pressure, the pressure is then shown to
increase. At the instant a piston leaves the outlet port, the pressure within the

measured cylinder bore was observed to slightly reduce.

8.0

7.0 1+

601

504
40
3.0

piston entry / bar

20 1

Mean pressure drop on

1.0 | S -

0.0 . . T
0 20 40 60 80 100
Outlet pressure / bar

Figure 3.34 Pressure drop upon piston entry to outlet port

Shown in Figure 3.35 is a pressure transient indicating the arrival and exit angles of
pistons moving through the inlet port. Of interest is the apparent increase in pressure
which occurred when a cylinder moved through the inlet region of the pump. This

pressure increase was found to be proportional to the outlet pressure, as shown in

Figure 3.36.
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Figure 3.35 Pressure transient with piston entry and exit from inlet port
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Figure 3.36 Pressure increase measured at a rotation of 240° in the inlet port

The cause of this pressure increase was not established; however it is possible that it
was caused by fluid bleeding from the discharge port. A potential cause of this is

vibration due to imbalance of the cylinder barrel.
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From the pump output and external leakage characteristics shown in Figure 3.22 and
Figure 3.23 respectively, the inlet flow to the pump and hence overall volumetric
efficiency could be determined. Due to flow continuity, the flow into the pump is

governed by Equation (3.5).

Qin = Qout + Qe (3'5)

Where: Q;, is the inlet flow rate, Qo is the outlet flow rate, and Q. is the external
leakage from the pump. The resulting inlet flow rate is shown in Figure 3.37. The
volumetric efficiency of the pump, calculated using Equation (3.6), is shown in Figure

3.38.

E, = QQ x100% (3.6)

The volumetric efficiency of the pump was observed to reduce, with an increase in
outlet pressure. This was clearly due to the increase in external leakage from the

pump, but also due to an increase in internal leakage.
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Figure 3.37 Calculated pump inlet flow
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Figure 3.38 Volumetric efficiency of pump

The internal leakage within the pump cannot be measured experimentally. However, a
set of equations developed by Watton [85], can be used to estimate the internal
leakage. These equations assume that leakage rates are proportional to the pressure
differentials producing them.

Figure 3.23 suggests that the external leakage from the pump may not follow a
perfectly linear trend; however, a linear line of best fit can be applied to the figure for

the data arrange obtained, providing a good approximation.
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Shown in Figure 3.39 is a schematic diagram showing flows both into and out of the

pump.
Label Description
a ——»Q,, Oin Inlet flow
°"' - Do | Qo | Outletflow
Y Q 0 Internal leakage
i Qel External leakage from high
| @ pressure side of pump
v_| Q.2 External leakage from low
Q—1» Qez pressure side of pump
e Dy Fluid transferred by piston
bores

Figure 3.39 Schematic of pump flows

Both the high pressure and low pressure side are represented, and considering flow

into and out of these regions, the following flow equations are generated:
0,=D,0+0, -0, (3.7
Qi =D,0-0,,-0, (3.8

Since it is assumed that flow is proportional to pressure differential, two resistance

terms can be introduced, one for internal leakage, R;, and one for external leakage, R..

Thus, the leakage flows can be written as shown in Equations (3.9) to (3.11).

P-P
0, =(—R—'2 (3.9)
P
O, = ra (3.10)
P
0., =R—’ 3.11)

By substituting Equations (3.9) and (3.10) into Equation (3.7), the following term for

inlet flow is produced:
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P (P-P)
0, =D,,w+R————R— (3.12)

(4 1

By substituting Equations, (3.9) and (3.11) into Equation (3.8), the following term for

outlet flow is produced:

P _(P-P)
Qo =Dpw—l—q———R—— (3.13)

e 1

Subtracting (3.13) from Equation (3.12) produces an equation for Qj.q, the external

leakage from the pump:

Qleak = Qel + e2 (314)

And finally substituting Equations (3.12) and (3.13) into Equation (3.14) provides an

expression for the external leakage from the pump:

P P,
Oreat = (R—J{R_J (3.15)

Thus, Equation (3.15) could be equated with the gradient of Figure 3.23, giving a

value for R, of 490.2 L.min"/bar.

Similarly re-arranging Equation (3.13) as shown in Equation (3.16) and equating with

the gradient of Figure 3.22, the value for R; could be found.

1 1 P
Qi =D, 00— P(R— + ;} + [?J (3.16)

(-4 { 1

This provided a value for R; of 319.8 L.min"'/bar. Thus using Equation (3.9), Figure
3.40 was produced. This suggests that at the maximum pressure tested, an internal

leakage of approximately 0.3 l.min"' occurred within the pump.
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Figure 3.40 Calculated internal leakage

3.5.2 CFD analysis

From the 2-D axis-symmetric model, the leakage between a single piston and cylinder
bore was modelled. The direction of flow was found to be largely dependent upon the
velocity of the piston, and as such, the flow characteristic shown in Figure 3.24
closely resembled a sine-wave. Of interest is the fact that the flow could become
negative, with oil flowing back into the piston chamber. This occurred during the
discharge stroke despite the opposing outlet pressure of the pump, which
independently tends to cause fluid to leak into the pump case. Further models were
run with larger piston bore clearances. Under these conditions it was established that
the negative flow reduced, as the pressure had an increased influence on the leakage.
For a radial clearance of 24pm for example, the leakage was found to be largely in the
direction of the pump case, except when the piston was at its maximum velocity on

the delivery stroke, where a brief negative flow occurred as illustrated by Figure 3.41.
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Figure 3.41 CFD derived piston / bore leakage at 24pum radial clearance

A comparison between the experimental and modelled volumetric efficiency of the
pump is shown below in Figure 3.42. The efficiency was calculated from the full
pump model, with the additional leakage from each piston (as shown in Figure 3.24),

accounted for.
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Figure 3.42 Volumetric efficiency of pump
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The CFD simulations suggested a lower overall efficiency than the experimental study
showed. The CFD simulations clearly suggested that the leakage between the port
plate and cylinder barrel dominated the external leakage from the pump. This

clearance was estimated based upon previous data from a similar pump.

Two further cylinder barrel clearances were simulated using the CFD pump model.
The resulting volumetric efficiencies of the pump are shown in Figure 3.43. From this
it is clear that a small deviation in cylinder barrel clearance can result in a significant

change in port leakage and therefore overall pump efficiency.

The 12um barrel clearance provided a higher volumetric efficiency. This value was
closer to the experimental efficiency of the pump than the initial 15um clearance. It is
therefore likely that the cylinder barrel clearance within the pump was closer to 12um,

especially as the port leakage was seen to dominate the leakage from the pump.
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o .
E 1 measured \
o 975
2 g70 | —®CFD 12um barrel T~
5 : clearance T~
€ 9651 —e—CFD 15um barrel
3 960 + clearance
> 955 || —CFD 18um barrel

: clearance
95.0 T T T T I
0 30 60 90 120 150
Pump outlet pressure / bar

Figure 3.43 Volumetric efficiency with different varying cylinder barrel clearance
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Contrary to the experimentally measured cylinder pressures, the CFD simulations did
not show a reduction in pressure as a subsequent cylinder entered the discharge port.
Cylinders entering the discharge port are at low pressure, and thus when a cylinder

enters the region, the pressure in the other cylinders reduces as the pressures equalise.

The CFD model did not consider the compressibility of the oil, and thus the
equalisation of pressure was instantaneous as a piston entered the discharge port. It
should also be considered that the CFD model assumed that the cylinder was
completely full of oil when it reached the discharge port. In reality this may have not
have been the case, as air bubbles could have formed within the oil during the low-
pressure suction stroke. A method of reducing the pressure ripple would be to add a
boost pump in the inlet line. This would help to ensure that the cylinders were full of
oil upon entry to the discharge port. The CFD model indicated that caviation occurred
between the suction and discharge ports. This would also contribute to the pressure

ripple identified in the discharge port.
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3.6

Conclusions

The work in this chapter led to the following conclusions being drawn:

1.

An experimental analysis of the pressure within an individual cylinder bore
identified a pressure fluctuation whilst a cylinder was in the discharge port.
This fluctuation was attributed to a pressure equalisation when subsequent

pistons entered the discharge port.

A two-dimensional model of a single piston was effective in replicating the
flow of fluid between a cylinder and its bore. It was discovered that the
velocity of the piston was dominant in its influence over the direction of flow.
As such, negative flow was identified under certain conditions. This flow
occurred during the discharge stroke of the piston even with a high operating
pressure opposing the negative flow direction. The negative flow was reduced
by a larger piston clearance; however flow back into the cylinder is not

undesirable as it reduces the overall leakage from the piston.

A three-dimensional CFD model of an axial piston pump was successfully
developed using a porous mesh technique for modelling small clearances. This
model incorporated cylinder barrel leakage as well as leakage through the
pistons. Combined with the 2-D model, this allowed all major leakage paths

from the pump to be modelled
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4. The CFD model suggested that cavitation occurred between the suction and
discharge port. This was not evident during the experimental analysis,
probably due to the compressibility of the oil and the locality of the pressure

transducers.

5. Previous experimental data from a similar pump was used for the cylinder
barrel clearance. This provided a good estimate as the volumetric efficiencies
determined experimentally and via CFD analysis correlated well. It was
established that the cylinder barrel leakage dominated the overall pump
leakage, and therefore had a considerable influence on the overall pump
efficiency. A clearance of 12um rather than the initially used value of 15um

provided a better agreement with the experimentally measured efficiency.
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Chapter 4. Experimental Study of Slipper Behaviour
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4.1 Introduction

Previous experimental and theoretical analyses of slipper bearings were
predominantly based on slippers with a single land. Thus, the behaviour of slippers
without a groove is well understood. Experimentally, the operation of slippers has
been thoroughly examined. Multiple displacement transducers, mounted in a swash
plate have been used to measure the clearance and tilt of a slipper operating in an
actual pump [47, 62]. This quantified the momentary operating clearance of a slipper
as it passed through the centre of the high pressure region of a pump. Yamaguchi used
similar sensors located in the land of the slipper to provide a continuous measurement

of slipper clearance [86].

Subsequent research concentrated on either replicating, or controlling the operating
conditions of a slipper, and thus analysing the operation in specially designed test
apparatus. The use of a rotating swash plate was the usual method of reproducing the
relative motion between the slipper and swash plate surface. Additionally, mounting
transducers in the swash plate was the sole method used for measuring displacement
[37, 61, 63-66]. The pressure at different radial locations of a slipper has been
measured for static conditions and the leakage of lubrication fluid has also been

measured for static conditions [68, 69].

Leakage between the barrel and port plate, and around the peripheral of the pistons
makes the measurement of slipper leakage impossible in an actual pump. In addition,
there was no evidence to suggest that the measurement of leakage under dynamic

conditions had been successfully accomplished in a fabricated test apparatus prior to
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this study. Furthermore, no experimental studies have focused on the characteristics of

a slipper with multiple lands.

The work in this chapter aims to characterise a two-land slipper operating over a
range of conditions. A test apparatus consisting of a rotating swash plate and fixed
slipper was developed. Eddy current displacement sensors, to measure separation,
were mounted around the peripheral of the slipper in a manner that did not affect the
flow of oil across the face of the slipper. The test apparatus designed and
manufactured provided the capacity to measure slipper clearance and angle of tilt,
leakage rates of lubrication fluid, and the pressure at four locations within the groove.
Modifications were made to the test rig in an attempt to measure the lift that the

slipper created.

The piston and slipper assembly that initiated this study is shown in Figure 4.1. The
face of the slipper contains two lands, divided by a groove. Its dimensions are shown

in Table 4.1.

(a) piston, (b) slipper, (c) outer land, (d) inner land, (¢) lubrication orifice,
(f) pool, (g) sectioned view

Figure 4.1 Piston assembly with multi-land slipper
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Table 4.1 Slipper dimensions

Measurement Dimension
Lubrication orifice diameter 1.0mm
Pool diameter 10.15mm
Groove Diameter minimum 14.7mm
Groove Diameter maximum 15.7mm
Groove depth 0.4mm
Slipper overall diameter 20.5mm
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4.2 Materials and Methods

4.2.1 Test apparatus

The following section describes the main components within the test apparatus as well

as the main considerations taken during its development.

The apparatus consisted of a fixed slipper, with a rotating plate replicating the relative
motion between the face of the slipper and the swash plate. A fixed slipper and
moving swash plate were employed for several reasons, the foremost being that they
enabled the required instrumentation to be attached in a simple manner. A single
slipper rotating at speeds of up to 1500 rpm was expected to exhibit a high level of
unbalance. This would potentially lead to vibration levels which could compromise
the small clearances between the slipper and swash plate. The size of the slipper
required to allow instrumentation to be connected would have only amplified this
problem. Furthermore, making adjustments to the position of the slipper during
operation would be impossible with a rotating slipper. Other considerations were the

resources available to manufacture the test apparatus.

A means of controlling the slipper’s location above the swash plate was developed,
and instrumentation mounted on the slipper allowed the precise measurement of the
clearance between the slipper face and swash plate. The components were fabricated
from stainless steel and aluminium and a photograph of the test apparatus is shown in
Figure 4.2. The materials selected for manufacture were partly as a result of the

instrumentation requirements; however they also made the apparatus suitable for
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further research into water-based hydraulic fluids. Photographs of the individual

components within the apparatus are presented in Appendix A.3.4.

Electric motor

Connections to
pressure gauges

Disc housing

Slipper

Hydraulic inlet

Figure 4.2 Experimental test apparatus with force measurement capability
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A cut-away view of the test apparatus, showing the bearing assemblies and swash

plate is shown in Figure 4.3

-92.



Adjustment screws Driven shaft Bearings

Rotating disc (Swash plate)

Disc housing

Slipper face

Figure 4.3 Sectioned view of hydraulic test rig
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To ensure a continuous clearance between the slipper and swash plate, a high level of
accuracy during manufacture was required. The accuracy of machining, and the
components available were considered during the design of the test apparatus, and
influenced the way in which it was developed. Of high importance was the stability of

the rotating disc, both in terms of rigidity under load, and its axial run-out.

Run-out, the variation of axial location of the disc during rotation, was minimised by
utilising three bearings. A thrust bearing underneath supported the disc in a vertical
direction. This bearing also ensured that the disc could not move axially once
hydraulic pressure was applied to the slipper. A roller bearing was used in conjunction
with the thrust bearing, since the thrust bearing provided no radial support for the
disc. This roller bearing was non-locating axially, and so ensured that all of the axial
loads were supported by the thrust bearing. In addition, the swash plate was designed
so that the bearing surfaces and face of the plate could all be machined without
removing the plate from the lathe. This assisted in ensuring that all surfaces were

parallel, minimising the potential of axial run-out.

A tapered roller bearing mounted above the disc provided additional radial support,
but more significantly, enabled an axial preload to be applied to the thrust bearing.
This preload was applied through a steel bearing flange, by tightening six lock-nuts
onto studs mounted in the upper cover plate. The tapered roller bearing also provided
radial support for the drive system. The races of all three bearings could be separated
enabling easy assembly and disassembly of the rig. Calculations for the expected life

of each bearing are presented in Appendix A.3.3.
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4.2.1.1 The slipper

The slipper manufactured for use within the test apparatus was a 2:1 scale
reproduction of the slipper found in the PVWHI15 pump, and is shown in Figure 4.4.
Although larger than the slippers within the pump which initiated this study, this size

of slipper is not uncommon in larger pumps.

Figure 4.4 a: Slipper with hydraulic connections b: Slipper face

The full dimensions of the slipper face are shown below in Table 4.2.

Table 4.2 Test slipper dimensions

Measurement Dimension
Inlet diameter 2.0mm

Pool diameter 20.3mm

Pool depth 1.4mm
Groove Diameter minimum 29.4mm
Groove Diameter maximum 31.4mm
Groove depth 0.8mm
Slipper outside diameter 41.0mm
Transducer mounting diameter 52mm P.C.D.



Chapter 4 Experimental Study of Slipper Behaviour

The slipper face resembled that of the actual slipper: It had a central hole through
which hydraulic oil could flow, a central pool, and two lands divided by a groove. The
remainder of the slipper was designed so that the required instrumentation could be
installed and the slipper itself could be held and positioned appropriately above the
rotating disc. In order to measure the pressure within the groove, holes were drilled
through the slipper body, from the groove to the top surface. Where these holes broke
through the groove, they were 0.5mm in diameter, and increased to 4mm through the
body of the slipper. Close to the top surface, the diameters of these holes increased,
and they were threaded to enable 1/8” BSP hydraulic fittings to be attached. Four such
connections were made, enabling the pressure to be measured at the four quadrants of
the slipper. A section through the slipper, showing two of the four holes joining the

groove to the top surface, is shown in Figure 4.5.

3 Position transducers at 120° intervals Pressure gauge connection

/— Plan view

\ é\lnlet

Swash plate surface

\ Section A-A

%

Figure 4.5 Cross section of slipper
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At the top of the slipper was a flange which enabled the slipper to be mounted to the
tilting mechanism. For space considerations, the hydraulic inlet was placed on the side
of the slipper. This inlet connected to a 2mm diameter vertical hole running through
the centre of the slipper. This hole connected to the pool in the centre of the slipper

face.

Three precision Micro-Epsilon displacement transducers were mounted around the
peripheral of the slipper on a flange recessed by 1.8mm. Mounting the transducers in
this manner ensured that they did not affect the flow of oil across the slipper face. In
addition, recessing the flange ensured it did not have any significant influence on oil
emerging from the edge of the slipper. The displacement transducers were located at
120° intervals around the slipper. The three displacement transducers were sufficient

to enable the angle of tilt and clearance of the slipper to be determined.

4.2.1.2 Slipper positional adjustment

The slipper was mounted under a rectangular plate, supported at either end by
brackets fixed to the main body of the apparatus. The relative movement between the
rectangular plate and the brackets provided the required movement of the slipper. This
movement was controlled by pairs of opposing screws located in each corner of the
rectangular plate. The outermost screw was threaded into the rectangular plate. The
end of this screw impinged on the fixed bracket and tended to lift the slipper when
tightened. Conversely, the inner screw of each pair was threaded into the bracket, and
thus pulled the rectangular plate, and hence slipper, down when tightened. By careful
adjustment of each pair of screws, the height of each corner of the plate could be

precisely controlled, and therefore both the height and angle of the slipper, relative to

-97-



Chapter 4 Experimental Study o fSlipper Behaviour

the swash plate, could be adjusted. A sectioned view of the slipper and tilting
mechanism is shown below in Figure 4.6. In this view, the slipper assembly brackets
and rig chassis are sectioned, revealing the swash plate beneath. Two of the four
pressure monitoring points and the hydraulic inlet are sectioned. Two of the three

displacement sensors are shown at the base of the slipper.

(a) slipper, (b) tilting plate, (c) mounting brackets, (d) adjustment screws, (e¢) swash
plate, (f) position transducers (2 of 3).

Figure 4.6 Slipper assembly sectional view

Initially, the apparatus utilised 4mm diameter bolts to retain the slipper plate. The
pitch of these screws (0.7mm) made these the original choice as it was envisaged that
they would provide the highest level of control over the adjustment of the slipper.
After preliminary tests, these bolts were replaced by 6mm diameter bolts, which
although having a courser pitch (1.0mm), deformed far less under load. They were

also easier to adjust than the 4mm bolts under load. The bolts that lift the slipper were
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kept at the original 4mm as they were not load bearing under operation. It was
deemed that the combination of the two sizes of bolts would ensure that a high level
of control would be maintained over the position of the slipper. The load-extension

characteristics for the 4mm and 6mm screws are shown in Appendix A.3.2.

42.1.3 Surfaée roughness

In measuring the surface roughness of the slipper and swash plate, a better
understanding and interpretation of the results was achieved. The most commonly
used method of classifying surface roughness involves the calculation of the

arithmetic mean (Ra) of the surface asperities as shown in Equation (4.1).

 Qp—
R, = ;1'21:1

¥ (4.1)

The average roughness was measured using a Talysurf machine (Form Talysurf Series
2, Taylor-Hobson Ltd., UK). Being a contact-type measurement device, the
instrument consisted of a stylus which followed the profile of the surface as it
traversed across it. The machine monitored the displacement of the stylus, thus
enabling the average roughness, Ra, to be determined. Five sets of measurements
were taken from both the slipper and the disc: The sample length used for the slipper
measurements was 4mm, with the disc measurements being 40mm long. The Ra
value for each test was then calculated using Equation (4.1). The mean Ra value was

then determined for each data set.
4.2.2 Instrumentation

4.2.2.1 Slipper to swash plate clearance measurement

The position sensors used to measure the clearance between the slipper and swash

plate work on the eddy current principle. Each consisted of a coil cast in the sensor
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housing. In operation, a high frequency alternating current flows through this coil,
inducing a magnetic field. When a conductive target material is placed within
proximity of the magnetic field, eddy currents are induced within it. The resulting
eddy currents produce an alternating magnetic field of their own, and these attenuate
the magnitude of the sensor’s magnetic field. This attenuation is increased as the
target material is moved closer to the sensor, and hence if the changes in current
within the sensor are evaluated, the proximity of the target can be determined.
According to the manufacturer, Micro-Epsilon, they work most effectively with a
target made from a non-ferrous material [87], and hence the swash plate, which was
the target, was constructed from aluminium. Each sensor was supplied with signal
conditioning electronics which, once calibrated, provided a linear displacement —
voltage relationship. The system was insensitive to temperature effects which also

made it ideal for this application, where moderate temperatures were expected.

4.2.2.2 Calibration of sensors

Each sensor was calibrated using a digital micrometer calibration device shown in
Figure 4.7. This utilised a threaded housing for the sensor which is shown on the left
side of the figure. Adjacent to this was an aluminium target fastened to a non-rotating
micrometer spindle. Each sensor was calibrated with an initial offset. This ensured
that a false reading did not arise due to the sensor contacting the target. Additionally it
ensured mechanical damage did not occur to the face of the sensor. Due to the linear
relationship between target distance and output voltage, this offset did not affect the
calibration, as it was the increase in voltage relative to the increase in distance that

was of significance.
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b

(a) transducer and mounting, (b) aluminium target, (c) digital micrometer

Figure 4.7 Calibration of eddy current sensor

Once each sensor was calibrated, it was installed in the slipper and the calibration was
confirmed within the test apparatus by lifting the slipper using shims of varying
thickness, and checking the change in output voltage. To avoid interference between
the three transducers, synchronisation cables were used between each set of signal

conditioning electronics.

The calibration curve for one of the sensors is shown below in Figure 4.8. A linear
displacement - voltage relationship is displayed, with output voltage varying between
OV and approximately 10V for a displacement of S00pm. The calibration curves for
the remaining two sensors are shown in Appendix A.3.1. All three sensors displayed
excellent linearity characteristics. The accuracy of instrumentation to measure the
small clearances between the slipper and swash plate was of prime importance.
According to the manufacturer, the sensors had an accuracy of = 0.5pm, with an

effective working range of 0 - 500pm.
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Figure 4.8 Calibration curve for eddy current displacement sensor (Serial # 25266)

4.2.2.3 Installation of sensors

It was accepted that eddy current displacement sensors may be influenced by an
adjacent metallic object rather than just the target [87]. Thus the sensors had to
slightly protrude beyond a metallic sensor mount, in this case the mounting on the
slipper. Additionally, no metallic material could be within a diameter equal to three
times the sensor diameter. Since the diameter of the sensor tip is 2mm, a metal free
area of 6mm in diameter was required. Both of these specifications were followed
during the design of the slipper. Once installed in the test rig, the eddy current sensors
were used to measure the run-out of the disk. This was achieved by lowering the
slipper within close proximity to the disc and rotating it with the hydraulic fluid
disconnected. By determining the fluctuation in readings of the outer most sensor, the
maximum run-out was measured to be 11um. The variation in run-out around the
peripheral of the disc is shown in Figure 4.9. The magnitude of run-out was confirmed

using a contact type dial gauge with the slipper assembly removed.
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12r
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Figure 4.9 Run-out around peripheral of disc

4.2.2.4 Determination of slipper position and angle of tilt

The calculations performed to determine the proximity and angle of the slipper from

the output voltages of the three displacement sensors are detailed below.

Figure 4.10 is a plan view of the slipper, and shows the location of the three

displacement transducers labelled A, B and C. Table 4.3 contains details for each

dimension and angle labelled.
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x
Figure 4.10 Geometry of slipper face with transducer locations
Table 4.3 Explanation of labels and dimensions

Symbol Parameter Value
A Sensor N/A ]
B Sensor N/A |
C Sensor N/A |
6 Angle between sensors 60 °
X; Radius of slipper face 20.5 mm
X2 Radius of sensor array 26.0 mm
X3 Distance from sensor B to sensor C See Eqn. 4-6

! Distance from centre of slipper to sensor A 26.0 mm
V2 Distance from centre of slipper to sensors Band C | 13.0 mm

Figure 4.11 and Figure 4.12 illustrate the slipper in a tilted position, with the swash

plate represented by the x and y axis in each figure. For ease of explanation, the

magnitude of the clearance and angle of tilt in each diagram is exaggerated.
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The measurements and angles identified in Figure 4.11 and Figure 4.12 are outlined in

Table 4.4.

Table 4.4 Clearances and angles
Symbol Parameter Unit
Z Leading edge clearance pm
Zr Trailing edge clearance um
Zo Outside edge clearance um
Z Inside edge clearance pum
Zc Central clearance pum
a Angle of tilt about x-axis degree
B Angle of tilt about y-axis degree

All angles and displacements were determined from the change in the voltage output
from the three transducers. Clearly the transducers did not come in to contact with the
swash plate, even in the situation when the slipper face was resting on the swash plate.
It is for this reason that initial voltage readings were measured, and subtracted from
subsequent voltages when the slipper was separated from the swash plate. The
transducers were installed so that a reading of approximately 4 volts was measured at
the output of each. This meant that the face of each transducer was approximately
0.2mm away from the swash plate. This prevented accidental contact whilst ensuring
that the remaining working range of each transducer, approximately 0.3mm, was

sufficient. The calibration values obtained for the three transducers are shown in

Table 4.5
Table 4.5 Calibration constants for displacement transducers
Transducer | Notation Serial Number | Calibration / um / Volt
A Cy 25266 48.56
B Cp 25267 46.91
C Ce 25268 47.38
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The notation used for the calibration constants and voltage readings is displayed in

Table 4.6.
Table 4.6 Voltages and relative displacements

Symbol | Parameter Unit

Cy Calibration for Transducer A um / Volt
Cp Calibration for Transducer B um / Volt
Cc Calibration for Transducer C um / Volt
V4 Voltage reading from transducer A Volts

Vg Voltage reading from transducer A Volts

Ve Voltage reading from transducer A Volts

Vao Initial voltage reading from transducer A | Volts

Vo Initial voltage reading from transducer B | Volts

Veo Initial voltage reading from transducer C | Volts

T, Relative movement of transducer A mm

Tg Relative movement of transducer B mm

Tc Relative movement of transducer C mm

Equations (4.2) to (4.4) show how the relative movement of each transducer was
calculated by subtracting the initial voltage reading from the final reading. When
multiplied by the corresponding calibration constant, this yielded the relative
movement in millimetres. All angles and displacements were determined based upon

these three relative displacements.

T,=C,(V,-V,)/1000 (4.2)
T, =C,(V, =V,)/1000 (4.3)
T, =C.(V, =V, )/1000 (4.4)

Using Figure 4.11, a, the angle of tilt about the x-axis was determined. This was
calculated using Equation (4.5) and resulted in Equation (4.6).
_(, -1, +7.)/2)

Sina = 4.5
(y1 +yz) )

L (T —élTierS)/z) (4.6)

a = Sin
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Angle B, the angle of tilt about the y-axis, illustrated in Figure 4.12, was calculated

using Equations (4.7) to (4.9).

x3 =1’ix22 —y22 ’ (47)

sing =L =Tc) 4.8)

X3

B =sin™ gB—;—D (4.9)

Once the relative angles and displacements were determined, the displacements at the
critical slipper locations could be determined. These were the clearance at the centre,
leading edge, trailing edge, outside edge and inside edge as shown in Equations (4.10)

to (4.14)

Central Clearance:

Z, = 1000(-(%&—) +y, sin a) (4.10)

Leading edge clearance:

Z, =Z,. +1000(x, sina) (4.11)

Trailing edge clearance:

Z, =Z,.-1000(x, sina) (4.12)

Outside edge clearance:

Z,= 1000(( 4 42'T3 )+ (x, sin B)+ (v, sin a)) (4.13)
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Inside edge clearance:

R E—

Using this method of calculation, the magnitude of the initial reading of each
transducer was insignificant. By placing the slipper flat on the swash plate, the three
initial voltage readings were noted. The final voltage readings required to obtain each
slipper position were then calculated, and during the experimental procedure,
alterations were made to the adjustment screws, until the three displacement
transducers gave the required readings, and hence the desired clearance and angle of

tilt relative to the swash plate.

- 109 -



Chapter 4 Experimental Study of Slipper Behaviour

4.2.3 Hydraulic circuit

The hydraulic circuit used in conjunction with the slipper apparatus is shown

schematically in Figure 4.13.

P1 P2 P3 P4 Pin

LY

Cooling water

-
b
-2
®
S—

Component

Hydraulic test apparatus

Gear pump providing hydraulic fluid

Flow control valve

Collected fluid from test apparatus

Pressure relief valve

Valves for cooling water

Heat exchanger

Main hydraulic tank

in Pressure gauge at inlet to the apparatus

, Py, P3, Py Pressure gauges for the four quadrants of the slipper

Tommgoaw e

o

Figure 4.13 Hydraulic circuit

This circuit allowed the pressure supplied to the slipper face to be varied. Since the oil
was circulated through a relief valve, the temperature of the oil was expected to rise
over time. This heating effect was expected to be greater at higher operating
pressures, and hence a variable cooling system was required. By regulating the flow

rate of water through the heat exchanger, the cooling effect was controlled, and hence
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the temperature of the oil could be maintained at a constant temperature of 40°C

regardless of operating pressure and ambient room temperature.

4.2.4 Static tests

Initial tests concentrated on a static swash plate, and studied the leakage
characteristics across the slipper at a range of clearances and angles of tilt. For all test
kconditions, a range of pressures were supplied to the inlet of the slipper. This set of
tests enabled the hydrostatic lift generated by the slipper to be characterised. For each
test, the pressure at each quadrant was recorded, as well as the temperature of the oil
flowing into the apparatus. The oil flowing across the slipper face accumulated in a
drip tray. This was collected in a measuring cylinder and its collection was timed
using a stopwatch, thus enabling the flow rate to be determined. Static tests were
carried out at clearances of 5, 10, 15, 20, 25, 30 and 50um. For clearances of 5, 10, 15
and 20pm, several angles of tilt were studied, ranging from flat to fully tilted. For the
tilted tests the leading edge of the slipper had a greater clearance than the trailing

edge, whilst maintaining a continuous central clearance.

4.2.5 Dynamic tests

Dynamic tests on the slipper were carried out up to a maximum speed of 1400 rpm. A
central clearance of 20pm was chosen for this, with tests for the slipper parallel to the
swash plate, and inclined at an angle. As with the static tests, a range of supply
pressures were used to find the slipper characteristics over a range of operating

conditions.

4.2.6 Force measurement

The test apparatus was modified after the initial set of results was obtained. The

modification was to enable four miniature load cells to be installed, to allow the lift
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generated by the slipper to be measured. In order to incorporate the load cells, new
mounting brackets were designed and manufactured. These utilised both the original
mounting positions on the main chassis, and the original adjustment mechanism. The
modified mounting bracket consisted of two parts. The first was screwed to the main
apparatus chassis. The second part was attached to the slipper tilting plate via the four
adjustment screws outlined in section 4.2.1.2. The load cells were situated between
the two, with the end of each load cell passing through a hole in each mounting
bracket, and being secured by nuts. This configuration meant that any load produced
by the slipper was applied to the upper part of each bracket and transferred through
the load cells. Figure 4.14 shows the load cells installed within the apparatus. The aim
was to measure the lift generated by the slipper, as well as to calculate the torque

generated by the slipper by taking moments using the four load cell readings.

(a) top plate for slipper attachment, (b) mounting to chassis, (c) load cell (one of four)

Figure 4.14 Apparatus for force measurement.
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Due to deformation under load, the mounting brackets were modified, as shown in
Figure 4.15. This reinforcement effectively joined the two top mounting brackets, and

hence reduced the deformation of them under load.

Figure 4.15 Modification to force measurement apparatus

4.2.6.1 Calibration ofload cells

Each load cell had a maximum load range of SO00N. Powered by a 15V DC supply,
each load cell was found to exhibit a linear relationship between load and output
voltage. The output terminals on each load cell were connected to a digital volt meter
to allow the voltage readings to be recorded. Table 4.7 indicates the voltage each load
cell supplied when subjected to a load of 5000N. The results obtained during the

calibration agreed with those stated on the manufacturers’ certificate of calibration.
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Table 4.7 Load cell maximum output voltage

Load cell Serial number | Full range output voltage / mV
1 W060UB 174.1
2 W060UC 179.7
3 W060UD 177.3
4 WO060UE 161.8

As the tightening of the nuts on each load cell provided a small amount of pre-load,
the initial voltage readings from each load cell were subtracted from the final
readings, to determine the increase in voltage. This was then used to calculate a

meaningful force value.
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4.3 Results

4.3.1 Surface roughness

The surface roughness of both the slipper and rotating disc were measured using a
Form Talysurf machine (Taylor-Hobson Ltd., UK). The measurements across the land
of the slipper were 4mm in length, with the disc measurements being 40mm long
reflecting the diameter of the slipper contact area. The average Ra values are
presented in Table 4.8.

Table 4.8 Surface roughness (Ra) values for slipper and disc

Surface roughness, Ra / pm
Slipper Disc
Test 1 0.445 0.571
Test 2 0.408 0.548
Test 3 0.389 0.571
Test 4 0.401 0.552
Test S 0.399 0.538
Mean 0.408 0.556

The Ra values obtained indicate that the slipper had a superior surface finish than the
disc. This was principally due to the fact that it was surface ground during
manufacture. Surface profiles obtained from both the slipper and disc are presented in

Figure 4.16 and Figure 4.17.
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Figure 4.16 Surface profile of slipper land
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Figure 4.17 Surface profile of aluminium disc

4.3.2 Static tests

Preliminary tests were conducted for clearances ranging between Sum and 30pm.
During these tests, the flow rates and pressure within the groove were monitored for a

range of inlet pressures. Each test was repeated four times, and a good repeatability of
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results was apparent. The results presented are an average calculated from the four
sets of results. By closely monitoring the temperature of oil within the tank, and
adjusting the flow rate of cooling water accordingly, the oil temperature was
maintained at 40° C, with a fluctuation of £1° C. Additionally, the temperature of the

region around the slipper was monitored using an infrared thermometer.

4.3.2.1 Flat slipper

Results obtained from the flat slipper, shown in Figure 4.18 and Figure 4.19 show a

clear trend in leakage with both pressure and clearance.

25.0

——30 pm
—¢—25 um

——20 pm
——15 ym
—o— 10 um

Leakage / ml.s-1

—a—5um

0 50 100 150
Pressure / bar

Figure 4.18 Clearance — leakage characteristics for a flat slipper

-117 -



Chapter 4 Experimental Study of Slipper Behaviour

25.00
20.00 1 S e
- —e— 150 bar
'g 15.00 4 - - —a—130 bar1
- —a— 100 bar
§ ——80 bar
E 10001 —+—50 bar |
- —o— 30 bar |
5.00 - -
>

0.00

T T T

0 5 10 15 20 25 30

Clearance / pm

Figure 4.19 Variation in leakage with clearance

The mean pressure within the groove, determined by calculating the mean from the
four pressure gauges is shown in Figure 4.20. An interesting observation was that the
mean pressure within the groove exhibited a small decrease for larger clearances,

especially at the higher pressures tested.
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Figure 4.20 Variation in groove pressure with inlet pressure

- 118 -



Chapter 4 Experimental Study of Slipper Behaviour

4.3.2.2 Tilted slipper

For a stationary tilted slipper, it was found that increasing the angle of tilt, increased
the leakage. This trend was observed for all clearances tested and is shown in Figure
4.21 to Figure 4.24. An interesting change in flow rate was found whilst working at a
clearance of 10um. Here the flow rate demonstrated a small decrease in leakage at a
particular angle of tilt. This attribute was repeatable for all operating pressures.
Multiple tests were run for this condition, all indicating the same angle — flow

characteristic shown in Figure 4.22.
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Figure 4.21 Leakage characteristics at a central clearance of Sum
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Figure 4.22 Leakage characteristics at a central clearance of 10um
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Figure 4.23 Leakage characteristics at a central clearance of 15um
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Figure 4.24 Leakage characteristics at a central clearance of 20pm

The mean groove pressure was found to reduce with an increased angle of tilt, as
shown in Figure 4.25 to Figure 4.29. It was discovered that there was negligible
pressure differential across the groove for clearances typical of those found under
normal operating conditions. However, at higher clearances and tilt, for example at
the maximum tilt allowed by a central clearance of 50um, a pressure differential of
approximately 1 bar was apparent. This was with an inlet pressure of 150 bar. The
region of the gfoove with the highest clearance was found to exhibit a lower pressure

than the region with the lowest clearance.

-121-



Chapter 4 Experimental Study of Slipper Behaviour

70.0
[\
-]
E 50.0 .\\‘ —e— 150 bar
§ — —=— 130 bar
g40'0' ’ - —A —a— 100 bar
$ 300 4 o - —X | —>—80 bar
8 —+— 50 bar
E’ 20.0 1t . —_— - ~6— 30 bar
[
[ O O
= 10.0 - ©
0-0 T T T T T
0.000 0.002 0.004 0.006 0.008 0.010 0.012
Angle of tilt / degree
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Figure 4.26 Variation of mean groove pressure with angle of tilt, 10um central
clearance
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Figure 4.27 Variation of mean groove pressure with angle of tilt, 15um central
clearance
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4.3.3 Dynamic tests

The leakage characteristics for a tilted slipper with a rotating swash plate are shown in
Figure 4.30. As the rotational velocity increased, a reduction in leakage was evident.
The mean groove pressure, however, increased with an increase in rotational velocity,
as shown in Figure 4.31. For a flat slipper, the leakage was shown to exhibit a slight

upward trend, as illustrated in Figure 4.32.

A small pressure differential within the groove was evident when under dynamic
conditions. The portion of the groove closest to the trailing edge developed a slightly
higher pressure than the region towards the leading edge. For a tilted slipper the
pressure differential amounted to approximately 1.5 bar and occurred at the maximum

speed tested. The pressure differential within the groove is shown in Figure 4.33.
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Figure 4.30 Leakage characteristics for a tilted slipper with velocity component
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Figure 4.32 Leakage for a flat and tilted slipper at a pressure of 150 bar
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Figure 4.33 Pressure differential within groove for a tilted slipper with inlet pressure
of 150 bar

4.3.4 Force measurement

Results for lift under static conditions are shown in Figure 4.34. The experimental
values obtained for lift were all approximately 25% lower than the CFD values
obtained for a slipper of identical dimensions. This is indicated by the linear trends of
differing gradient. Results from the CFD study are detailed later in Chapter 5.
Dynamically, the lift generated by the slipper was shown to increase with rotational

speed, as depicted in Figure 4.35.
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Figure 4.34 Comparison of experimentally obtained and CFD lift values, flat slipper
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Figure 4.35 Relationship between lift and rotational speed for a tilted slipper
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4.4 Discussion

The pressure within the groove was found to be largely proportional to the inlet
pressure for all clearances examined. As the clearance increased, a small drop in
pressure within the groove was evident. This equated to a reduction of approximately

6% when comparing the groove pressures at clearances of Sum and 30um.

Under static conditions and for central clearances of up to 30um, the pressure
measured in the four quadrants of the groove was found to be the same, suggesting
that the pressure around the entire groove was constant. Conditions which created a
pressure differential between the groove quadrant could be created, however these
required a large angle of tilt. A large central clearance was required to permit these
angles, and this was significantly larger than those expected to be found under normal
operating conditions within a pump. CFD results, to be discussed in more detail later,
have shown that with the groove removed, or reduced in depth, a significant pressure
differential can exist between the four pressure measurement locations. It was clear
that the groove within the test slipper was of sufficient size to allow the equalisation
of pressure around the groove, especially whilst operating at clearances typically

found during pump operation.

The angle of tilt at which the slipper operated was found to influence the leakage from
the slipper. Under static conditions, large angles of tilt were found to increase the
leakage, however at the small angles of tilt expected under normal operating
conditions, the increase in leakage compared to a completely flat slipper, was found to

be small.
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As stated in section 4.2.2.3, the axial run-out of the disk representing the swash plate
was found to be 11um. This meant that during the dynamic tests, a consistent
clearance could not be maintained. In fact the clearance during the dynamic tests
ranged from 20pm to 31um. This change in clearance over each revolution of the disc
meant that the flow rate would be considerably higher than a similar test conducted at
the minimum clearance of 20um. A series of CFD models replicating the existence of
run-out were produced to validate the results obtained experimentally. A comparison

between these two sets of results is discussed later in Chapter 5.

Since the oil leaking from the slipper was collected in a drip tray before being
collected in a measuring cylinder for measurement, there was a time delay before the
rate of flow of oil from the drip tray equalled the rate of flow from the slipper. This
time delay was kept to a minimum by reducing the available volume of the drip tray.
This ensured the system reacted rapidly to changes in flow rate. This was of most
importance when the swash plate was rotating due to the amount of heat produced by
the bearings. The heat produced by the bearings resulted in heating of the disc, and
subsequently the hydraulic oil. Due to the relatively small volume of oil in proximity
of the disk, the warming effect was found to be significant, and it was anticipated that
this caused a change in viscosity leading to an increased leakage flow rate. It is
accepted that friction between the slipper and swash plate surfaces could cause a rise
in temperature. However it was clear that a significant amount of heat originated from
the bearings, as a temperature rise was apparent even when the slipper assembly was

removed.
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At high rotational speeds, an increase in temperature of the test rig was observed over
time. Since flow rate measurement was required at a range of speeds, the influence of
the heating effect became of importance, as it meant that a constant oil temperature
could not be assumed. The approach adopted during measurement therefore was to
run the apparatus as a constant speed of 700 rpm for a period between each test. Once
the temperature of the rig had stabilised, the speed was increased or reduced to the
required value. As soon as the flow rate from the apparatus had stabilised,
measurements of flow, and pressure were recorded. During this time, the temperature
was also measured to ensure it did not notably rise. The test apparatus was then run at
700 rpm again before being changed to the next value. This technique minimised the
heating effect, and prevented the understandable trend in temperature caused by

taking consecutive readings, each at an increased rotational speed.

Due to the time taken for the oil flow to stabilise, the effects of heating were not
completely eliminated. However, the increase in temperature was small, with the

entire set of dynamic data being obtained for a temperature range of 44 to 46°C.

As indicated by Figure 4.30, the flow rate of oil for a tilted slipper was shown to
reduce with an increase in speed, regardless of the fact that the temperature of the oil
was slightly greater at the higher speeds tested. For a flat slipper, the leakage showed
a small upward trend with velocity. CFD results, explained later, suggested that this
leakage should remain constant, and so it is possible that the residual heating effect of

the apparatus was the basis for this small increase in leakage.
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The first modification to the test apparatus to incorporate force measurement resulted
in the requirement for further development. The brackets were found to deform under
load, and this resulted in a large moment being applied to each load cell. It was clear
that the load cells were sensitive to moments, and further tests outside of the test rig
confirmed this. In addition, it was discovered that the angular location of the applied
load had a significant influence on the magnitude of the output signal. A wide range
of readings could be obtained for a load applied at different locations. However, for
forces applied at the same angular location, the load cells exhibited a linear
relationship between the applied force and output voltage, albeit not following the

expected calibration trend.

From this it was concluded that the load cells had to be mounted in such a way that
they were only subjected to tensile forces. A modification shown in Figure 4.15 was
made to the test apparatus, to prevent the identified deformation from occurring. The
amount of lift generated by the slipper under static conditions was found to be
consistently 25% lower than values obtained through CFD simulation, regardless of
the inlet pressure. Comparison of the CFD results with theory developed by Bergada

(Appendix A.1) showed an excellent agreement for results of pressure, lift and flow.

A comparison of values obtained for the level of pressure within the groove is shown
in Figure 4.36 for a clearance of 15um. Any significant difference between these
values would indicate that the CFD calculated pressure profile did not exist beneath
the slipper in the test apparatus. Validation of pressure at this point therefore strongly
suggests that the pressure profiles calculated during the CFD simulations indeed

occurred in reality, especially for the lower clearances examined.
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Hence, it is proposed that the consistently lower experimental values of lift were due
to a systematic error in the force readings provided by the load cells. It is probable
that this was due to a small amount of torque being applied to the load cells, which
affected the readings. Time restrictions at the end of the project did not allow further

development.
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Figure 4.36 Comparison of experimental and CFD mean groove pressure
15pm clearance
The load cells did however provide a linear relationship between inlet pressure and
lift. This was in agreement with the CFD simulations, and was in compliance with the
fact that the load cells were shown to provide a linear relationship between force and
output voltage when the load was applied at the same location. In terms of the lift
under dynamic conditions, Figure 4.35 suggests that the lift did indeed increase with
an increase in tangential velocity, confirming that hydrodynamic lubrication occurred

under dynamic conditions.
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4.5

Conclusions

The following conclusions can be drawn from the work presented in this chapter:

1.

A test apparatus to investigate the operating characteristics of a slipper with a
single groove was successfully designed and developed. Groove pressure and
leakage rate were successfully measured for a range of clearances and angles

of tilt.

Under static conditions, tilt was shown to affect the leakage from the slipper

with large angles producing a greater leakage rate.

The mean groove pressure was shown to increase with an increase in
rotational speed. Under large angles of tilt, a small pressure differential within

the groove was detected. This increased as the rotational speed increased.

The variation of pressure within the groove was found to be negligible at
clearances typical of those expected to be found under normal operating
conditions. At higher clearances a small pressure differential was evident
within the groove. These clearances, however, were greater than would be
typically found in an actual pump. Therefore it was concluded that the groove

was of sufficient size to be effective at equalising pressure.

With a relative tangential velocity, the leakage from a tilted slipper decreased
as the rotational speed increased. For a flat slipper, a small increase in leakage

was identified as the rotational speed increased. Both of these trends were
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small and thus it was concluded that velocity had little impact on the leakage

from the slipper.
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Chapter 5. CFD Modelling of Slipper Behaviour
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5.1 Introduction

The work presented in this chapter aims to simulate slipper behaviour using CFD
simulations. A number of the results obtained were used to validate results obtained

experimentally, and presented previously in Chapter 4.

A series of CFD models was produced to measure the pressure profiles, lift and
moment generated in addition to the leakage flow rates. These models used
dimensions identical to those of the slipper in the test apparatus discussed in Chapter
4. Geometries with varying clearances, and angle of tilt were generated. A range of

inlet pressures and rotational speeds were explored using these models.

In addition, CFD slipper models with varying groove depths were produced, and the

pressure around the groove was analysed for a range of operating conditions.
CFD models were produced to replicate the run-out identified in the hydraulic test

apparatus developed in Chapter 4. This enabled the flow rate due to variation in

clearance to be quantified and offered validation for the test apparatus
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52 Slipper Models

Geometries representing the fluid beneath a slipper were created in the “GAMBIT”
software package for processing in “FLUENT”. A typical geometry is shown in

Figure 5.1.

Figure 5.1 CFD geometry of a slipper

The circular face shown in red in the centre of the slipper was assigned a “Pressure
Inlet” boundary condition. The curved face around the peripheral of the slipper was
assigned a “Pressure Outlet” boundary condition equal to atmospheric pressure. The
flow across this face was monitored. A kinematic viscosity of 32mm?2.s'l was assumed
for the static models. This reflected the viscosity of the ISO 32 mineral oil at a
temperature of 40°C. This was the temperature maintained during the static tests
presented in Chapter 4. For the dynamic tests, where a temperature rise was noted
experimentally, the viscosity was adjusted accordingly. Here a viscosity of

26.4mm2.s'l was assumed reflecting a temperature of 45°C. The full viscosity -
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temperature characteristic for the ISO 32 hydraulic oil used experimentally is shown

in Appendix A.4.1 [88].

5.2.1 Clearance

A series of meshes representing different clearances was produced. These meshes had
clearances ranging from Spm up to 29um, with an increment of 3um. These models
were used to evaluate the flow characteristics under different pressures, in a static
condition. Additionally, these models were used to determine the pressure profile

beneath the slipper.

5.2.2 Static and dynamic tests

For dynamic tests, the bottom face of the slipper, not visible in Figure 5.1, was
assigned a rotational velocity about an axis perpendicular to the face of the slipper.
The axis of rotation was off-set at a radial displacement of 92mm, as shown in Figure
5.2. Locating the axis of rotation in this position replicated the geometry found in the
test apparatus developed in Chapter 4. The axis of rotation created a tangential
velocity gradient across the face of the slipper. At an angular velocity of 150 rad.s™,
the tangential velocity ranged from 10.7 m.s™' on the inside edge of the slipper, to 16.9

m.s™' on the outside edge.

All images of the slipper presented in this chapter have the axis, and direction of
rotation as illustrated in Figure 5.2. The slipper was tilted about an axis labelled A-A,
with the leading edge generally greater than the trailing edge. For static tests, the

boundary condition of “Stationary Wall” was allocated to the bottom face.
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Rotating surface'

Figure 5.2 Slipper axis ofrotation

Figure 5.4 shows part of the meshed slipper geometry. This portion shows the part of
the edge of the slipper film. The thickness of this particular mesh in this location was
15pm. The vertical face was assigned a “Pressure Outlet” boundary condition and was

used to monitor the volumetric flow rate of fluid leaving the slipper.

Figure 5.3 Part of CFD mesh around edge of slipper
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5.2.3 Tilted conditions

A series of meshes representing slippers under tilted conditions were also created.
These all had the same central clearance of 15um, with the range of angles shown in
Table 5.1. This series of models was used to evaluate the influence of rotational speed
on leakage. Lift and the restoring moment were also recorded for each operating

condition examined.

Table 5.1 Clearances for tilted slipper models

Slipper | Central Maximum Minimum Angle of
number | clearance /pm | clearance/pum | clearance /pum tilt / °

1 15.0 15.0 15.0 0.0000

2 15.0 18.0 12.0 0.0084

3 15.0 20.0 10.0 0.0140

4 15.0 22.0 8.0 0.0196

5 15.0 24.0 6.0 0.0252

6 15.0 26.0 4.0 0.0307

5.2.4 Groove depth

In each model of the slipper, the groove was made up of ten layers. These collectively
formed the full groove depth, with adjacent layers, each a separate volume, sharing
common faces. This enabled the type of boundary condition applied to each face to be
adjusted during the processing stage in “FLUENT”. By changing the boundary
conditions, the effective groove depth of the slipper could be varied, without creating
a completely new mesh for each groove depth. For a full groove depth, all faces
within the groove volume were given an “Interior” boundary condition, with the upper
most face given a “Wall” boundary condition. Conversely, providing the lowest face
within the groove with a “Wall” boundary condition cut off flow to the groove,

effectively removing it. In total eleven groove depths could be modelled using this
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approach, ranging from zero to 0.8mm in depth. Part of the groove mesh is shown

below in Figure 5.4.

Figure 5.4 CFD mesh showing groove area

5.2.5 G@Groove location

The impact of the radial location of the groove was also investigated. In total nine
groove locations were modelled, each dividing the face of the slipper in a different
place. The leakage and lift characteristics of the slipper were determined for each

groove location.

5.2.6 Modelling of variable clearances

An attempt was made to simulate the axial run-out identified in the test apparatus used
in Chapter 4. This was achieved by utilising a time-dependent-velocity UDF. The
UDF controlled the velocity of the lower face of the geometry, in a direction parallel
to the axis of rotation. The volume directly above this face, representing the film of
fluid between the slipper lands and swash plate deformed accordingly, thus simulating
the effect of axial run-out. The flow rate of oil from the slipper was then compared to

the flow rates obtained experimentally.

-142-



Chapter 5 CFD Modelling of Slipper Behaviour

This UDF was modified when simulating different angular velocities, thus providing
the correct velocity amplitude and cyclic frequency for the velocity simulated. An
example UDF, creating an 11pum run-out for an angular velocity of 150 radians per

second is shown in appendix A.4.2.
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5.3 Results

5.3.1 Clearance

Presented in Figure 5.5 is the pressure profile for a flat slipper. Since the slipper was
flat, the pressure profile was symmetric about the centre of the slipper. The pressure
profiles shown below were generated at a clearance of 10pm, however they were
found to be identical in profile for any clearance. As the pressure profile was found to

be constant, the lift generated was also found to be constant, and hence independent of

clearance.
160
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140
120 130 bar
100 100 bar
80 bar
[XXXXXXXXX 50 bar
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EXXXXXXXX XXX> 30 bar
-25.0 -15.0 -5.0 5.0 15.0 25.0

Distance from centre of slipper / mm

Figure 5.5 Pressure profiles at fixed clearance

The leakage, however, was found to increase dramatically with clearance as shown in
Figure 5.6, and typically proportional to clearance3 as predicted by well-established
hydrostatic theory. Also plotted in Figure 5.6 are the leakage rates calculated utilising
the theory developed by Bergada. A high level of correlation between these results
was expected, as only radial flow occurs with a flat slipper, as assumed by Bergada’s

theory.
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Figure 5.6 Clearance - leakage characteristics at 150 bar

5.3.2 Dynamic tests

Under dynamic conditions, a build up of pressure on the trailing edge of the slipper
was identified. This is shown in Figure 5.7, where the relative motion caused by the

swash plate is from left to right.
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Figure 5.7 Pressure profile in direction of motion with tilt 0o 0.0307°
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The level of pressure generated between the groove and outer edge of the slipper was

noted to be greater than the pressure between the central pool and the groove.

In Figure 5.7 the radial centre of the groove at the leading and trailing edge is shown
at locations of -15.2 and +15.2 respectively. The pressure measured in these locations
for a specific angular velocity was comparable, and hence for a specific angular
velocity, only a small pressure differential across the groove was apparent. It was also
evident that the pressure within the groove increased as the relative velocity between

the slipper and swash plate increased.

Pressure contours for a number of angular velocities are shown in Figure 5.8. The
centre of rotation of the swash plate is to the right of the diagrams, and relative swash
plate rotation is in a clock-wise direction. The lubrication orifice, pool, and groove

have been superimposed over the contours to illustrate their positions.

The colours of the contours within the pool clearly illustrate that no significant
pressure drop was present across the radius of the pool. The pool, however had a

depth of 1.4mm, and hence no pressure drop was expected across this region.

The contours illustrate the development of pressure towards the trailing edge of the

slipper. The constant colour around the circumference of the groove again illustrates

that the pressure within the groove was near constant under tilted conditions.
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Figure 5.8 Pressure contours with velocity component for tilt 0£0.0307°
A three-dimensional view of a slipper is shown in Figure 5.9. When the slipper was
tilted, the build up of pressure at the trailing edge of the slipper created a moment

which tended to restore the slipper to a horizontal condition.
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The restoring moment at a pool pressure of 150bar is shown below in Figure 5.10. A
small moment tending to tilt the slipper perpendicular to the direction of motion was
identified. This tended to tilt the slipper inwards, however this was negligible in
magnitude.

For a slipper operating with a smaller clearance at the leading edge than at the trailing
edge, cavitation was identified near the front edge. This also tended to restore the

slipper to a flat position.
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Figure 5.10 Restoring moment at tangential velocity of 150 rad.s'l

5.3.3  Groove depth

From Figure 5.7 and Figure 5.8, it is clear that the pressure around the groove was
rather constant. This was despite the fact that the slipper had a large angle of tilt, with
leading and trailing edge clearances of 26pm and 4pm respectively. The pressure
differential apparent within the groove at this angle of'tilt is shown in Figure 5.11 for
a range of angular velocities. At an inlet pressure of 150 bar, a maximum pressure

differential of 2.6 bar was evident within the groove. This amount of'tilt is unlikely to
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occur under normal operating conditions, but illustrates the fact that the groove was

efficient at maintaining a constant pressure.
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Figure 5.11 Pressure differential within the groove at angle of 0.0307°

Models run with a shallower groove exhibited a greater variance of pressure across

the groove, as shown in Figure 5.12.
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Figure 5.12 Influence of groove depth on maximum pressure differential within
groove. Rotation of 150 rad.s”'. Angle of slipper 0.0307°
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5.3.4 Leakage

The angle of tilt was observed to have an influence upon the rate of leakage from the
slipper. Figure 5.13 shows that under dynamic conditions, as the angle of tilt
increased, the 1eakage was observed to decrease, before increasing again towards
maximum tilt. Again, a direct comparison was made with Bergada’s theory. Here a
small difference between the results was evident. This was due to Bergada’s theory
modelling radial flow only, with the CFD model considering a more complex flow
pattern. For static conditions, the leakage was observed to increase with an increase in
tilt. The relative angular velocity was also observed to have an influence on the rate of
leakage. An example of this is shown in Figure 5.14 where the leakage from a tilted
slipper, operating at 20um central clearance, is shown to reduce as the rotational
velocity increases. For a perfectly flat slipper, this leakage was more constant,

reducing only slightly for a significant increase in velocity.
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Figure 5.13 Leakage of tilted slipper with and without tangential velocity component
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Figure 5.14 Effect of velocity on leakage rate. Slipper with tilt of 0.0307°

5.3.5 Groove location

The rate leakage from the slipper was found to be dependent upon the radial location
of the groove. Presented in Figure 5.15 are the leakage rates for a range of groove
locations, for a slipper clearance of 10um. There is a clear trend that moving the
groove towards the peripheral of the slipper tends to reduce the leakage. The leakage
from a slipper with no groove, and with a clearance of 10um was found to be 0.422
ml.s”. The presence of a groove, regardless of location, noticeably increased leakage.
For a 10um clearance, this increase was between 7.9 and 14.3%, depending on the
location of the groove. Replicating the geometry of the slipper tested in Chapter 4,
with a centrally located groove, resulted in an increase of 10.1% over an otherwise
identical single land slipper. At increased clearances, however, the leakage rates were
higher and as such the presence of a groove had a reduced influence on the increase in

flow rate across the slipper face.
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Figure 5.15 Leakage at difference groove locations 150 bar 10pm clearance. Flat
slipper with groove depth 0.8mm.

The location of the groove also had an effect on the pressure within it, as shown in
Figure 5.16. As there was a negligible pressure drop across the groove in a radial
location, the location ofthe groove also had an influence on the overall hydrostatic lift

generated by the slipper, as shown in Figure 5.17.
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Figure 5.16 Pressure profile across the slipper face at different groove locations with
an inlet pressure of 150 bar
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Figure 5.17 Lift generated by flat slipper at different groove locations

Although the effective area of the groove increased as the groove moved towards the

outside edge, there was a reduction in pressure within the groove, and hence the lift

generated by the groove was observed to reduce, as shown in Figure 5.18. This is

clear evidence that the groove does contribute to the hydrostatic lift generated by the

slipper bearing, something overlooked in previous work [61].
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Figure 5.18 Lift generated by groove. Depth of groove 0.8mm.
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5.3.6 Modelling of variable clearances

Figure 5.19 illustrates the flow rate through a flat slipper as the clearance varies
sinusoidally between 20pm and 31pm, with an angular velocity of 60 radians per

second.
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Figure 5.19 Flow rate with varying clearance

With the same variation of clearance, the trend of leakage against angular velocity for
both a tilted and flat slipper is shown in Figure 5.20. A curve similar to the one shown
in Figure 5.19 was produced for each angular velocity, and hence the flow rates
shown in Figure 5.20 are the mean flow rates, and are therefore directly comparable to

the leakage rates determined experimentally under dynamic conditions.

- 155 -



Chapter 5 CFD Modelling of Slipper Behaviour

10.0
9.0 .:.k A A ry N
8.0 \\,\;; =
w 7.0 —x
E 6.0
:‘5, 5.0 | —
% w0
g 3 — -
20 —a—Flat slipper |
1.0 ——Tilted slipper—
0.0 , , , T ,
0 30 60 90 120 150 180
Angular velocity / rad.s™

Figure 5.20 Influence of angular velocity on leakage with run-out

The viscosity of the fluid considered within these dynamic CFD models was adjusted
to take into account the heating effect of the oil experienced experimentally. As the
mean temperature recorded during the experimental tests was 45°C, a kinematic

viscosity of 26.4mm?.s™" was assumed within “FLUENT” [88].
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5.4 Discussion

Under stationary conditions, the pressure around the groove was found to be constant
when the slipper was flat. This was an expected outcome resulting from the symmetry
of only radial flow occurring. The pressure profile across the face of the slipper, as
shown in Figure 5.5, demonstrated an excellent correlation with the theory developed

by Bergada [60].

From the results obtained, there was always a small pressure differential within the
groove for a tilted slipper. This pressure differential was found to be greatest at high
angular velocities, with the highest pressure occurring at the part of the groove closest
to the trailing edge of the slipper. Both the minimum and maximum pressures within
the groove tended to increase with an increase in angular velocity. However the
maximum pressure increased more than the minimum, thus increasing the pressure
differential across the groove. For the operating conditions studied, the maximum
pressure differential occurred for the most tilted slipper, at the highest angular
velocity. This pressure differential was 2.66 bar. For all tests using a full depth

groove, negligible differences in pressure were present across the width of the groove.

Reducing the depth of the groove was observed to increase the pressure differential
within the groove. This was due to the reduction in flow area, thus preventing full
equalisation of pressure. The largest impact on groove pressure differential was seen
at the smallest groove depths. As such, it is envisioned that increasing the depth
beyond 0.8mm would provide little reduction in the pressure differential found within
the groove. The CFD models also suggested that the restoring moment acting upon

the slipper reduced with an increase in groove depth. This was because the potential
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area of high pressure towards the trailing edge of the slipper vented into the groove.
This equalisation of pressure caused the minimum pressure within the groove to
increase. This suggested that the slipper could operate in a tilted position with more

stability than a slipper without a groove.

An increase in groove depth was seen to increase the leakage rate from the slipper.
However, the increase in leakage reduced at higher groove depths, and there was no

significant change for a groove deeper than 0.32mm.

Under static conditions, flow tended to increase with an increase of slipper
inclination. For tilted slippers, the leakage was found to reduce with an increase in
angular velocity. This was similar to the experimental findings, although there was a

greater reduction in the leakage under the CFD simulations.

For a flat slipper, it was shown that introducing a groove tended to increase the
leakage flow rate. Positioning the groove in the location as found in the test apparatus
in Chapter 4 created an increase in leakage of approximately 10% when compared to
a single-landed slipper. It was found that the closer to the pool the groove was located,
the greater the leakage rate of oil. The lift produced by the slipper was also shown to
be highest with the groove located at the smallest radius. Although the area of a
groove closer to the peripheral of the slipper was larger, the pressure within it was
lower. This relationship meant that the lift generated by a groove reduced as the
groove was moved radially outwards. It was observed that for two different groove
locations, the pressure profile before the smaller groove and after the larger groove

was very similar. This is shown in Figure 5.21, and illustrates why the overall lift
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generated by a slipper reduced as the groove moves towards the peripheral of the

slipper.
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Figure 5.21 Pressure profiles for two groove locations

The results obtained through CFD analysis enabled a validation of the experimental
test apparatus developed in Chapter 4. Flow rates obtained through CFD analysis were
initially compared with values obtained through theory developed by Bergada
(Appendix A.l). These showed an excellent correlation, with a difference of less than
2% for all clearances, thus providing a high level of confidence in the CFD results.
The static CFD profiles generated for the pressure characteristics beneath the slipper
also exhibited a high level of agreement with those produced by Bergada. For the
tilted condition, a small discrepancy was evident between the CFD results and those
obtained through theory developed by Bergada. This was due to Bergada’s theory
only considering radial flow. As such, it is predicted that greater angles of tilt would

provide a lower level of correlation.
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When comparing leakage flow rates, it was evident that the leakage rates obtained
experimentally were greater than the values obtained through CFD analysis. This

discrepancy occurred for all clearances.

The difference in leakage between experimental and CFD results was found to vary
depending on clearance, with larger clearances producing a greater difference in flow.
It was noticed however, that the increase in leakage was consistently equal to a
difference in clearance of 3pm. For example, the leakage found experimentally at a
clearance of 30um correlated with the leakage obtained though CFD analysis at a
clearance of 33um. This tendency is shown in Figure 5.22 to Figure 5.24 for

clearances of 5, 20 and 30um.

o Experimental 5um
0.20 +— x CFD 5um
a CFD 8um

Leakage / ml.s ™

0 20 40 60 80 100 120 140 160
Pressure / bar

Figure 5.22 Comparison between experimental and CFD leakage rates for a slipper
with a S5pum clearance
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Figure 5.23 Comparison between experimental and CFD leakage rates for a slipper
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Figure 5.24 Comparison between experimental and CFD leakage rates for a slipper

with a 30pum clearance

As this discrepancy was systematic, and observed to be repeatable for all clearances, it

is suggested that there was an error in the measurement of the clearance between the
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slipper and swash plate. The simplest explanation was an inaccurate zeroing of the
displacement sensors. This could have occurred if the slipper was not in contact with
the swash plate when the zero displacement reading was taken. This hypothesis was
checked; however the correct zero reading was found to be repeatable, and was

observed after running each set of tests.

A more likely explanation was due to the surface roughness of the slipper and swash
plate surfaces. The roughness profiles shown in Figure 4.16 and Figure 4.17 suggest
that surface asperities of both faces prevented full contact, and thus a small gap was
present between the slipper and swash plat? upon contact. Since the eddy current
transducers measured the mean distance to the swash plate the surface, this would
have led to subsequent operating clearances having a flow rate characteristic of a
slightly larger gap. Referring to the surface profiles, the discrepancy of 3um in the
results seems reasonable: Here the distance between the mean material level and most
prominent surface peaks was approximately lum for the slipper and 3um for the
swash plate. There is also a possibility that the surfaces were not completely flat. In
addition to these factors, the possibility of the slipper deforming under load would

have also contributed to the small flow discrepancies observed.

Had there been an error in the actual calibration of each transducer, a proportional
error would have been evident, and thus the constant 3um disparity in clearance
would not have been apparent throughout the range of clearances. The possibility of
the temperature of the oil influencing the experimental results was considered. Whilst
variation in the temperature of the oil may have had a small influence on the results,

the difference in results would not have followed the consistent trend outlined above,
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and the fact that consistent results were obtained suggests that an error in perceived
clearance was the most likely cause. It is accepted that the temperature of the oil could
have been a contributory factor however. As the pressure was measured prior to the
slipper pool, the pressure within the pool would have been lower than that of the
measured value due to a pressure drop across the lubricating orifice. This would have
resulted in a lower flow rate than expected. This effect was considered minimal as the

pressure drop through the lubricating orifice was deemed to be very small.

The discrepancy in clearance was also identified in the results for a tilted slipper as

shown in Figure 5.25.
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Figure 5.25 Comparison between experimental and CFD results for a tilted slipper

Pressures measured experimentally were found to correlate well with the CFD
pressure profiles. An example of this correlation is shown in Figure 5.26, where
experimentally measured pressures are superimposed on a CFD generated profile for a

clearance of 15um. Also shown in Figure 5.26 is a pressure profile determined using
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theory developed by Bergada. This correlates well with both the experimental and

CFD pressure profiles.
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Figure 5.26 Comparison between experimental and CFD pressures

For dynamic conditions, the CFD models predicted a pressure increase within the
groove for an increase in rotational velocity. This was also apparent during the
experimental tests, although the pressure increase observed was not as great as that

predicted by the CFD simulations.

The leakage rates calculated for dynamic conditions via CFD analysis exhibited an
excellent likeness to those recorded experimentally. Although lower, the CFD results
demonstrated a very similar trend to the experimental values, and therefore provide a
high level of validation of the test apparatus, and suggest that the CFD is an
appropriate tool for slipper design. Both sets of results shown in Figure 5.27 indicate
that for a tilted slipper, the flow rate reduced as the relative speed increased. Both
methods suggested a steady leakage rate for a completely flat slipper, regardless of

rotational velocity.
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Figure 5.27 Comparison between experimental and CFD leakage flow rates for

dynamic conditions

It is clear that the presence of a groove has an effect upon the operation of a slipper. It

appears that a groove enables the slipper to operate with a greater level of tilt, as the

restoring moment is reduced. In addition, it appears that the groove geometry used

experimentally in Chapter 4, is sufficient to enable the groove to work efficiently.

This is clear by the fact that negligible pressure differentials were evident within the

groove for a wide range of clearances and angles of tilt. It is proposed that increasing

the groove depth further would have little impact upon the pressure equalisation

within the groove, but would reduce the structural rigidity of the slipper and thus

enable it to deform more.
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5.5

Conclusions

The main conclusions of the work presented in this chapter are:

1.

As a slipper tilts, a restoring moment is generated due to a hydrodynamic
effect. This moment tends to restore the slipper to a flat position. The level of
pressure, and hence restoring moment, is greatest at large angles of tilt, and

when the slipper and swash plate have a high relative velocity.

The groove acts to equalise the pressure built up at the trailing edge, thus
stabilising the slipper. With a groove, the slipper appears to be more able to
operate at an angle to the swash plate. This is because the pressure built up at

the trailing edge reduces, thus reducing the restoring moment.

The depth of the groove was shown to influence the groove’s ability to
equalise the pressure around it. Reducing the depth of the groove significantly
increased the pressure differential found under tilted conditions. Shallower
grooves were therefore associated with greater restoring moments, meaning

that the slipper was less able to remain tilted with a shallow groove.

The location of the groove on the face of the slipper was found to influence the
potential leakage flow rate. In addition, it was seen to influence the hydrostatic

lift generated by the slipper.

Under static conditions, tilt increased the leakage rate from the slipper, for a

given central clearance. Under dynamic conditions, however, a slipper with a
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greater leading edge clearance was seen to exhibit a smaller leakage rate than a

perfectly flat slipper.

6. CFD results provided a good correlation with the experimental data collected.
However a small discrepancy was identified in the leakage flow rate which
was attributed to the surface roughness and flatness of the slipper and swash

plate.
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Chapter 6. Conclusions and Further Work
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6.1 Conclusions

In Chapter 3 a three-dimensional CFD model of an axial piston pump was presented.
All major leakage paths were considered within this model except the leakage
between each piston and its corresponding bore. To model this leakage a separate 2-D
axis-symmetric model of a single piston was presented. These models indicated that
the pump leakage was dominated by the clearance between the cylinder barrel and
port plate. Thus a small increase in clearance would have a significant impact on the

volumetric efficiency of the pump.

The pressure within selected piston bores was measured experimentally, and a
pressure ripple was noted with a frequency corresponding to pistons entering the
discharge port. The ripple was due to an equalisation of pressure: The low pressure
within a cylinder rapidly increased upon entry to the discharge port. This equalisation
of pressure therefore reduced the pressure within the cylinders already in the

discharge port.

An experimental test apparatus was designed and developed to analyse the leakage
from a slipper. The test rig used a unique design to enable accurate control and
measurement over the position of the slipper. Using a series of opposing screws, the
clearance and angle could be adjusted whilst the slipper was under hydraulic load,

thus enabling complete control over the position of the slipper.

The leakage was successfully measured under both static and dynamic conditions.
When the slipper was at a large angle to the swash plate, an increase in rotational

velocity produced a downward trend in leakage. This trend was observed both
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experimentally and through the CFD analysis. For a flat slipper the leakage rates were
less affected by velocity. Here both the experimental and CFD analyses suggested that

the leakage was largely unaffected by a tangential velocity component.

The pressure within the slipper groove was measured experimentally in four locations.
For most operating conditions no difference was identified between these readings,
suggesting that the pressure around the circumference of the groove remained
constant. For large angles, a pressure differential up to 2 bar was apparent. However,
as the CFD analyses showed, this differential would have been significantly higher

without the groove.

A series of CFD models demonstrated how the behaviour of a slipper is influenced by
the existence of a groove. The leakage flow rate from a slipper, which is clearly of
importance from an efficiency point of view, was shown to be influenced by both the
presence and location of a groove. The groove was also shown to reduce the restoring
moment of the slipper under tilted conditions, thus enabling the slipper to operate with
a larger angle of tilt than an otherwise identical single-land slipper. The reduction in
restoring moment occurred because the hydrodynamic pressure built up towards the
trailing edge of the slipper was able to vent around the groove to the leading edge of
the slipper. The CFD results showed that a groove depth of 0.8mm was sufficient for
this size of slipper, and that any increase in depth would produce little reduction in
pressure differential around the groove. Increasing the depth further would potentially

however, reduce the rigidity of the slipper enabling more deformation to occur.
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6.2 Further Work

The aim of the work in this thesis was to analyse the leakage characteristics and
slipper operation of an axial piston pump. In achieving this aim, a number of aspects

have been identified that would benefit from further development.

6.2.1 Axial piston pump analysis

A full CFD model of a pump was developed; with leakage paths modelled using a
porous mesh technique. This model was fully dynamic and developed an overall
pressure as a function of output flow. When the computing power is available, this
model could be extended to incorporate the work presented in chapter 5 within a
single model. In addition, a mesh dense enough to model cavitation effects could be

applied to the geometry when computing power permits.
6.2.2 Experimental investigation of slipper behaviour

6.2.2.1 Flow measurement under dynamic conditions

A new test apparatus was developed to investigate the operating characteristics of a
grooved slipper. The measurement of pressure and flow rate was straightforward for
the static conditions. Measuring the flow of oil under dynamic conditions was more
time consuming. To eliminate the heating effect, a cooling mechanism could be
introduced, to prevent the heating of the bearings. This, however, would require a
significant time of development, as the bearings were lubricated by the oil flowing
through the slipper. Also it should be stated that successful results were obtained
using the existing test apparatus, although they were time consuming to obtain for
uniform temperature conditions. If further work is to be undertaken on this apparatus

however, these recommendations should be considered.

-171 -



Chapter 6 Conclusions and Further Work

6.2.2.2 Temperature measurement

Potentially, thermocouples could be installed on the face of the slipper to provide a

continuous temperature measurement. This would replace the infrared thermometer

used during this work.

6.2.2.3 Force measurement

An additional modification is required to enable satisfactory force measurements to be
obtained. The current design of the test apparatus meant that a moment on each load
cell was unavoidable. Therefore further work needs to be undertaken to either
implement load cells insensitive to moments, or to redesign the test apparatus to avoid

moments at the location of the load cells.

6.2.2.4 Slipper geometry

The slipper used within the test rig was well characterised for a wide range of
operating conditions. An experimental investigation into alternative slipper
geometries, including groove location would be of benefit, and could be compared to

the results obtained during this investigation.

6.2.2.5 Water-based fluids

Since the test apparatus was manufactured from stainless steel and aluminium, there is

scope for repeating the work carried out in this study using water-based fluids.

6.2.3 CFD modelling of the slipper

Although beyond the realm of the current CFD package available, it may be possible
in future developments to model the film of fluid beneath the slipper with a self

adjusting clearance based upon the pressure applied in the cylinder bore.
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Leakage and groove pressure of an axial piston pump slipper
with multiple lands
JM Bergada', JM Haynesz, J Watton’
! Fluid Mechanics Department ETSEIT UPC , Colon 11 Terrassa 08222, Spain.
Tel. 0034-937398771. Fax. 0034-937398101. bergada@mf.upc.edu
2 Cardiff School of Engineering. Cardiff University. Queen’s Buildings.

The parade PO Box 925 Cardiff CF24 0YF Wales UK.Cardiff University UK
Tel. 0044-2920874797. wattonj@cardiff.ac.uk

Abstract

The paper presents a new analytical method, based on Reynolds equation of
lubrication, to evaluate the leakage and pressure distribution for an axial piston pump
slipper taking into account the effect of grooves. The equations consider slipper spin
and tilt and are extended to be used for a generic slipper with any number of grooves.
A test rig has been designed and used to check experimentally the applicability of the
theoretical equations. Comparisons between theoretical and experimental results show
a good agreement. The new theory can predict slipper leakage and pressure inside the
groove with a high level of accuracy, especially at low slipper tilts that exist in
practice. Experimentally, it is demonstrated that although a groove maintains a
constant pressure along its path, under some conditions a pressure differential exists
inside the groove. The effect of tangential velocity on groove pressure and slipper
leakage is then studied experimentally, showing that as the rotational speed increases,
there is a small decrease in leakage and a small increase in the average pressure inside

the groove.
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Key words: axial piston slipper, multiple lands, Reynolds equation solution

Nomenclature

h slipper general height (m).

ho slipper pocket central clearance (m).

ho, slipper first land central clearance (m).

hos slipper groove central clearance (m).

ki, k3, ks, k7, k. C constants (Nm).

k>, ka, k¢, ks, km constants (Pa).

P; general pressure (Pa).

Piniet pressure at the slipper central pocket for a radius ry (Pa).
Qi generalised flow (m>/s).

r slipper generic radius (m).

1o slipper central pocket orifice radius (m).

r; inner land inside radius (m).

r; inner land outside radius (m).

r; outer land inside radius (m).

r4 outer land outside radius (m).

rm average radius between land borders (m).

rm) average radius between slipper pocket borders (m).
I'm2 average radius between inner land borders (m).
rm3 average radius between groove borders (m).
ms average radius between outer land borders (m).
u general linear velocity (m/s).

a slipper tilt angle (rad)

p fluid dynamic viscosity. (Kg/m s).
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0 slipper angle (rad).

o slipper angular velocity, slipper spin (rad/s).

1. Introduction

Flow rates through small gaps in positive displacement pumps are usually considered
to be laminar. In the majority of cases the effect of pressure balancing grooves cut on
pistons and slippers has been neglected. The effect of the groove on the flow and
pressure distribution is not expected to give a completely different pattern from
previous work using single-land theory. The theory developed in this paper is a step
forward towards a better understanding of the effect. The main piston and slipper
assembly that originated this study is shown in figure 1. This is one of nine pistons
from a pump with a maximum volumetric displacement of 0,031 dm3 /rev. It will be
seen that the slipper design uses two full lands. An alternative approach is to include
additional slots cut across the second land to balance the groove pressure and outlet
pressure, but the approach selected seems to be the corporate design philosophy of the

particular pump manufacturer.

Figure 1. Piston and slipper assembly [Courtesy Oilgear Towler UK Ltd]
There have been many publications in this general subject area over the past 30 years,
many concerned with improving the performance of piston pumps and motors. Most

of the work has focused on analyzing the forces and torques over the slipper, both
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experimentally and analytically [1-3, 5-10, 15-17, 19, 20,]. The effects of slipper spin,
tangential velocity, tilt, slipper non-flatness, inlet orifice, and conditions for metal to
metal contact, among others, were investigated. The performance of composite
slippers working with water-based fluids was studied in [11]. The torque created on
the spherical piston slipper interface and its effect onto the slipper dynamic
performance was studied in [4, 12, 13]. Slipper dynamic performance over one
complete revolution was investigated by [14, 18] finding a huge variation on slipper
central clearance and tilt depending on piston connection with tank or outlet ports.
The performance of slippers with grooves was reported by [2, 15, 16, 21], in which it
was found that a groove brought stability to the slipper dynamics. In all these cases,
the second land was vented and therefore the pressure on the groove was reported to
be atmospheric. As a result the groove itself was not creating lift. It was also reported
that for a given central clearance, reducing the number of lands give a reduction in
leakage. Despite of the amount of work developed on slippers, no evidence has been
found of any research focused on finding the leakage and groove pressure at different

slipper tilts, or for a double land slipper.

2. Flow and pressure distribution on multiple land slippers, mathematical
analysis

One of the first attempts at a mathematical analysis was undertaken by Kakoulis [21],
and Reynolds equation of lubrication was used to find the pressure distribution below
the slipper. Kakoulis assumed the angular pressure distribution to be much smaller
than the radial pressure distribution. He also assumed that the pressure along the
groove which separates the two lands of the slipper is atmospheric pressure. Therefore

the inner land of the slipper was assumed to produce hydrostatic and hydrodynamic
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lift, when tilt exists, while the slipper outer land was assumed to produce just
hydrodynamic lift. Therefore the groove itself was assumed to produce no lift. In the
work by Kakoulis, the second land was vented but in the present case it is not. It will
be demonstrated that these assumptions are inappropriate and both slipper lands and
the groove produce hydrostatic and hydrodynamic lift. The resolution of Reynolds
equation in which radial and angular pressure distribution is taken into account [1, 5,
16, 17, 20] has been performed via solving the differential equation as a power series.
A crucial aspect of the method proposed is based on linking the first direct integration
of the Reynolds equation with the flow leakage differential equation. It is appropriate
to say that until now no attempt has been made to explain the two land slipper
behaviour both mathematically and experimentally. As will be demonstrated later, the
method proposed allows the behaviour of the slipper grooves and second land to be
defined without the necessity of having the second land vented. The basis of the

theory was outlined in Bergada and Watton [22, 23]. Consider figure 2 :

Plan view

Figure 2. Slipper main parameters.
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The following assumptions are then made:

e Flow will be considered laminar.

o The slipper plate clearance is not uniform; the slipper is tilted.
e The fluid is hydraulic mineral oil ISO 32.

e Steady conditions are considered.

e Slipper spin is taken into account.

e Flow will be considered as radial.

o Slipper pocket, groove and slipper lands are flat.

o The only relative movement between slipper/swash plate is slipper spin.

Reynolds equation applicable to this study is given as:

Ofp®). o
ar(rh &J 6;,1(nrae (D

The film thickness in the clearance is given by:
h=h, +ar, cos® 2
The average radius between land ends is used, and the film thickness is:

ch
= =-ar_sin® 3
o = %fsin A3)

The first integration of the differential equation (1) will then give:

op -3poar, sinbr K, 4
—_— 3 + 3 ( )
o (h,+ar,cos8) r(h,+ar, cos6)

The second integration gives:

— 1 2
p= 3poar,sin® r . k, In(r) + K, (5)

2 (h,+ar, cos6)’ (h,+ar, cos8)’

The slipper leakage through a generic radius will be:

Qleskange = LZ' furdyde (6)
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Assuming Poiseulle flow, the velocity distribution is given by:

_ldpy
a2 )
then
=1 d
Qreatage = f f;'d—f%()’—h)rdyde (8)

Substituting the pressure distribution versus radius, equation (4), into equation (8) and
after some integration and rearrangement gives :

2% ]

———[—3pa)armsin6r2+k,:|d6 9
12u

Qleakage =

It must be remembered at this point that a second integration cannot be performed
since the unknown constant k; depends on the angular position 8. Nevertheless for a
tilted slipper with several lands as shown in figure 2, and assuming that the flow and
pressure distribution in the slipper pocket and groove behave in the same way as in a
conventional land, then equations (5) and (9) can be applied to each slipper land
obtaining:

Slipper pocket: ro<r<r;

—3poar,sind r’ k,

pl"

T+ 7 In(r) +Kk,
2 (h,, +ar,, cos®)  (h, +ar, cos8)

(10)

2K l .
Qleakage 1 =L —l—z—p{—3pmarm, sin© r2+kl:|d9

(11

(12)

First land: r;<r<r;
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— 1 Z
p, = Juear,,sinbr s k, In(r)+k,
2 (hy, +ar,,cos0)  (hy, +ar,, cos)
(13)
= 1
Quetagez = [, —E;[—hlmarmz sin@ 1 +k,]do
(14)
_L+r
m2 2
(15)
Slipper groove: r:<r<r;
. 2
p, = 3pwar,,;sind r3+ k, In(r) +k,
2 (hy +ar,;cos6)”  (h,+ar_, cosd)
(16)
Qeatnges = fx—l%ﬁ -3pear,,sindr? +k5]d6
a7
I+
rm3 = 2 2 .
(18)
Second land: r;<r<r,
H 2
p, = Juwar,,sind r3+ k, In(r) +k,
2 (hy +ar,cos8) (hy +ar_,cosb)
(19)
Qeatage s = f'-l—;—p[—3pmarm4 sin@r? +k,]d6
(20)
I+
rm4 = . 2 2
(21
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The boundary conditions necessary to determine the constants will be:
I'=T0 P1 = Pinlet

(22)
r=1; p1=p2 Qicakage 1 = Qicakage 2
r=r; p2=pP3 Qicakage2 = Qleakage 3
r=r13 p3=ps Qieakage3 = Qleakage 4
I = T4 Pa = Poutlet
After appropriate mathematical development, the value of the constants is found and
presented in the appendix. A key feature of the analysis is that it allows a generalised
set of equations to be developed for the constants and from these generalised
equations the value of any constant for a slipper with any number of lands can be
determined. Since all constants are given as a function of the parameter k; the generic
equation for this parameter will be presented first. It must be remembered that 1<i <n
where n is the number of lands, including grooves and the slipper pocket. Notice that

the minimum value of n is 2. From the appendix, the generic equation for the constant

k; will be:
Lot P
3ueasinf| & 'mi("‘z-l “'-2) ol ( L )[;5 ( o m)]
Puni = Puniet ~ 2 Z 5 |~ 3uoasin®
=1 (ho. +ar,, cose) =1 (ho(,',, + ALy °059)
k, =
ln[ f ]
e (| n
.n(h0,+ar cose)
(23)

The generic equation for the odd constants k3, ks, ks.....will be:

Ll
J-(z

k, =3pwaSind Z[ [mun) m)]] +k,
=

(24)
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The value of “L” will have to be odd and between 3 <L <(2n-1). The generic equation

for the even constants kj, ks ke ks ....will be:

3
(hO, +ar,, cose) (ho(M,z) +Q rm(M,z,cose)

k, +

3

2

Tnomr2) Tz
)3}"(}1 ( 2 ) +

2 <

3
oms2y T 0T v2) cosB)

fM-2
+?ap.(o()tsine l( A ] rm.(r.z-n—r.z)
! (hol +ar,, cosd

[M,—"] { > [’f (LA ‘rm)]]ln(r:l ) F%,T_ZJ(H? (oo =1, ))

J

+3pooasind’ 3 - Jlnr&z)
cose) (hO(M/z) + 0T, 2 cose) (2

(25)
The values of the variable “M” in equation (25) must be even, and between
2<M<2n. When producing the explicit equations based on the generic equations

given here it must be remembered that in a summation>;” " then if the upper limit

has a value smaller than the lower limit it means that the value of the entire term is
zero. Substituting the different constants into the equations for the pressure
distribution at different lands, (10), (13), (16) and (19), yields explicit equations for
the pressure distribution at each land. Further details are presented in the appendix. A
generic equation is presented here which is capable of generating the pressure

distribution equations for a slipper with any number of lands.
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r. | '3 T2

P, = Pul + +

¥ (h +ar,, cos8)’ J‘=Zz(h(,(J b+ AL, cosG)
3pmasin9[ T [f.z-n - rz] + ’z' Tas- n -1 ]

2 I_(ho. +ar, cos8) 1= (ho(, ) u‘U_“cosf)

r k
|: 1[ m(,il r - [r J[Zr Z[rm(k " Tn- z)]]
3pwasin® 1“(_}‘2 =
(h,, +ar,, cos8)’ r,) = (Moot + Oy, oose)
(26)

When substituting the constants into the leakage equations, (11), (14), (17) and (20),

the same equation for the leakage flow is found:

(27
Due to the complexity of the integral, equation (27) must be integrated numerically to

determine the leakage.

3. Test rig

In order to experimentally validate the equations developed, the test rig represented in

figure 3 was constructed.
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Plan View

3 position transducers
at 120° intervals

Inlet Pilot hole from
Pressure groove every 90

Swash Plate

Section A-A
a) Cross section ofthe slipper area
Connections to the )
4 groove pressures Drive

J Slipper

One ofthe 3
position
transducers

Disc housing
b) Slipper, disc housing and drive system
Figure 3 Experimental apparatus
Three position transducers, having a measurement accuracy of 0.5 microns, were
attached to the slipper at 120° intervals. These sensors require non-ferrous measuring
face for optimum performance and therefore the housing assembly was manufactured

from aluminium while the slipper assembly was manufactured from stainless steel.

The slipper is held in position using four screws and the required slipper orientation

- 199-



Appendix A Thesis Appendices

was achieved by turning four additional positioning screws. Using this method the
slipper can be positioned completely parallel to the swash plate or to any desired tilt.
Four holes, 0.5 mm diameter and at every 90°, were drilled at the centre of slipper
groove allowing measurement of the pressure inside the groove at its four cardinal
positions. Static tests were performed with a slipper central clearance 10, 15 and 20
microns and for a range of slipper tilts at each central clearance. In all positions, 6
different pressures were applied to the slipper, these being 30, 50, 80, 100, 130 and
150 bar. The slipper was built with a scale 2:1 when compared with the slipper that
initiated this project, shown in figure 1. This was done to be able to physically locate
both the position sensors and the pressure measuring points. However, the size of the
test rig slipper is not unlike those that exist in larger pumps such as the set of pistons
and slippers supplied by Oilgear Towler UK to the authors for reference. The test rig
slipper dimensions are:

Orifice radius rp = lmm

Inner land inside radius r; = 10,15mm

Inner land outside radius r; = 14,7mm

Groove width = 1mm

Outside radius r4 = 20,5mm
When a = 0; then: hg; =hg; + 1,4 mm; hg; = hgp; + 0.8 mm.

Since the test rig allows rotation of the swash plate, a second set of tests were
performed to study the effect of tangential velocity on slipper plate leakage and
slipper groove pressure distribution. The variable-speed tests were performed for a
single central clearance of 15 microns and for a single tilt of 0.035°. A set of swash
plate turning speeds were studied in the range 0 to 1350 rpm, the maximum turning

speed corresponding to a tangential velocity on the slipper main axis of 13 m/s.

The test conditions considered should be put into context with those that would

probably exist for the test slipper when used in a real pump application. Slipper force
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is not considered in this paper, but a calculation can be made using existing
lubrication theory [24, 25 ]. It is assumed that :

e the maximum pump pressure would be 350bar

e the fluid viscosity p = 0.032Ns/m?

e the pocket pressure is marginally different from the pump pressure

e the swash plate angle is 20°

e the pressure distribution across the slipper is approximated by an equivalent

logarithmic decay passing through the centre of the groove

The hydrostatic force generated on the slipper is then 23kN. The force balance across
the slipper and piston is then determined by the pump manufacturer, perfect force
balance occurring for a piston diameter of 28.9mm. If an additional hydrodynamic
force is required then this will not be greater than typically 5% of the hydrodynamic
force, and is based upon well-established design knowledge. There is no explicit
theory for determining the hydrodynamic lift for a circular slipper, but a good
approximation can be made by using square plain bearing theory with side leakage
effects taken into account [25]. It will be further assumed that:

e asquare plain bearing of equivalent area, 36.3mm x 36.3mm, applies

e the bearing central clearance h, = 10micron

e aside leakage compensating factor of 0.44 applies [25]

e atangential velocity of 13m/s still applies

The bearing tilt is then calculated to be equivalent to a 0.26 microns increase from the
trailing edge to the leading edge. This gives a square bearing tilt angle of 0.00041°

and therefore smaller by a factor of 12.2 compared with the minimum non-zero value
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of 0.005° that was set in the tests. Even if all the slipper lift force was created by
hydrodynamic effects, a condition that would not normally occur with a non-blocked

slipper orifice, the tilt angle would still only be 0.0079°.

4. Results

4.1 Analytical and experimental results under static conditions, slipper leakage

Leakage at every slipper angular position can be studied using equation (27), once the
numerical integration is done. This results in figure 4 from where can clearly be seen
that as tilt increases the difference between the front and back leakage also increases.
What is most remarkable is that for the range of slipper spin speed values studied the
total leakage does not depend upon the slipper turning speed; it just depends upon the
pressure differential, the slipper central gap and tilt. Figure 5 represents the leakage
given as a percentage of increase versus the slipper non tilted position. It is evident
that leakage increases with slipper tilt and for a given central clearance such an

increase does not depend on the pressure differential applied to the slipper.

0,025

—e—alpha 0,02 degrees

0,02 1 —a— alpha 0,01 degrees

—A— alpha 0,005 degrees

0,015

0,01 -

Leakage (I/min)

0,005 -

0 0,5 1 L5 2

Slipper position (rad/r)

Figure 4. Leakage flow, (analytical), central distance ho, = 15 microns, Pipier = 100 bar
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W)
o
i

Leakge increase %
8
i

—
(=]
I

0 0,005 0,01 0,015 0,02 0,025 0,03
Slipper tilt (degrees)

Figure 5 Slipper leakage percentage increase versus non tilt slipper. Analytical

Some of the experimental leakage results are shown in figures 6(a), (b), (c) for the
three central clearances of 10, 15 and 20 microns, and for a range of slipper tilts and
inlet pressures. It can clearly be noticed that as the tilt increases the leakage also
increases. This leakage increases as inlet pressure is increased. These experimental
results correspond to the theory presented here. It is also very interesting to point out
that at a central clearance of 10 microns, and for any given pressure, the leakage
seems to first increase and then decrease with slipper tilt, as shown in figure 6(a). The
explanation of this anomalous behaviour is to be found when realizing that at some
clearances and tilts the flow at the entrance of the slipper first land changes from

reattached to separated, reducing the flow section and therefore reducing the flow.
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0,01 0,015
Slipper tilt (degrees)
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Figure 6(a) Leakage as a function of slipper tilt and inlet pressure.

Experimental, central clearance 10 microns.
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Figure 6(b) Leakage as a function of slipper tilt and inlet pressure.

-204 -

Experimental, central clearance 15 microns.



Appendix A Thesis Appendices

0,6

—8— 20 mic 150 bar

"g 1 —— 20 mic 130 bar
< ' — —a&— 20 mic 100 bar
é‘) —+— 20 mic 80 bar
8 ,_____../’/ —e— 20 mic 50 bar
o n ————"'*//_: | —#—20 mic 30 bar
— * * : e
01 — — ' ,
0 0,01 0,02 0,03 0,04 0,05

Slipper tilt (degrees)

Figure 6(c) Leakage as a function of slipper tilt and inlet pressure.
Experimental., central clearance 20 microns.
According to the theory presented the leakage increase, given as a percentage of non
tilted slipper leakage, should be independent on inlet pressure, as shown in figure 5.
When leakage in figure 6 is represented as a percentage of the non tilted slipper it can
be seen that for a given central clearance, all the different curves can be brought
together. Therefore figure 7 presents the trend curve for all the central clearances
studied which are compared with the theoretical predictions. It can be seen that a good
agreement is found, especially at low tilts which probably exist in practice. From
these results it can be stated that leakage percentage increase versus a non tilted
slipper is mostly independent on the inlet pressure. Nevertheless it has been found
experimentally that as the inlet pressure increases the percentage increase trend line

curve tends to slightly increase.
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10 —&— Experimental 10 microns

35 11 —A— Theoretical 10 microns | -----===7==mmmrsmmmmmmrs oo

30 4..| —@—Experimental ISmicrons | ../ A ]
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Leakage % versus non tilted stipper.

0 0,005 0,01 0,015 0,02 0,025 0,03
Slipper tilt (degrees)

Figure 7 Comparison experimental and theoretical leakages, given as a percentage of
the non tilted slipper leakage.

4.2 Analytical and experimental results under static conditions, Pressure
distribution

Regarding the pressure distribution, the equations presented are capable of predicting
the pressure at all points below the slipper, as is represented in figure 8. It has to be
said that due to the consideration of radial flow at all points, the theoretical pressure
differential inside the slipper groove is higher than what has been found
experimentally. In fact the experiments have revealed that the pressure inside the
groove is mostly constant for the set of tilts and central clearances studied. For a given
central clearance the groove pressure, although constant at all four pick up points,
tends to decrease as the tilt increases. This is shown in figure 9(a), (b), (c). Also
represented in figure 9 is the theoretical pressure variation. In agreement with the
theory, the pressure inside the groove does change with angular position. The pressure

at angle 6 =0 is computed, see figure 2, and represents the analytical minimum

pressure on the slipper groove. Theoretically the pressure inside the groove increases
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for a tilted slipper as the slipper clearance decreases, and the question arises as to
which of the range of theoretical pressures is likely to appear experimentally. Thanks
to the experimentation undertaken it can be said that the minimum theoretical pressure
is the most likely to appear in reality. A well-designed groove geometry allows flow
from the theoretical groove high pressure points to move almost instantaneously
towards the groove theoretical low pressure points, thus equalising the pressure within
the groove. It can then be concluded that for the groove studied, a rate of momentum
exchange exists between fluid particles at the top of the groove. From figure 9 it is
noticed that for smaller central clearances the pressure decay with slipper tilt inside
the groove is higher. A very good agreement between theory and experimentation is

found under all conditions studied.

Radius (mm)

Figure 8, Theoretical pressure distribution below the slipper.
ho2=15 microns a =0,01 deg co= 25,12 rad/s
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Figure 9(a) Groove pressure decrease with tilt.
Comparison experimental and analytical results. 10 microns central clearance.
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Figure 9(b) Groove pressure decrease with tilt.
Comparison experimental and analytical results. 15 microns central clearance.
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—#A— 150 bar Experimental
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o ) —8— 130 bar Experimental
N —&— 130 bar Theoretical
— —o— 100 bar Experimental
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—o0— 50 bar Experimental
—&— 50 bar Theoretical

Groove pressure (bar)
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0 T - ' r —+— 30 bar Theoretical

0 0,01 0,02 0,03 0,04 0,05
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Figure 9(c) Groove pressure decrease with tilt.
Comparison experimental and analytical results. 20 microns central clearance.

For the slipper with groove studied, and when working under expected operating
conditions, the pressure inside the groove is maintained constant. However it has been
found experimentally that as the tilt and slipper inlet pressure increases, some pressure
differential inside the groove can be expected. To illustrate this point figure 10 is
presented, showing that when the slipper is operating outside the normal working
conditions, the flow circulation around the groove and therefore the momentum
exchange around the groove is not enough to maintain constant pressure. Figure 10
also demonstrates that if the groove depth is decreased then a much bigger pressure
differential inside the groove is to be expected. Notice that an increase of inlet

pressure also creates higher pressure differential inside the groove.
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Figure 10 Operating conditions under which pressure differential
inside the groove can be expected. Experimental.

4.3 The effect of pump turning speed on slipper leakage and groove pressure

To experimentally study the effect of the pump turning speed on the slipper leakage
and pressure distribution inside the groove, the test rig presented in figure 3 was again
used. In this case the plate below the slipper, representing the swash plate in practice,
was able to be turned at different rotational speeds between 0 and 1350 rpm. This is
opposite to the real pump method of operation using a fixed swash plate but the effect
is the same. A single slipper central clearance of 15 microns was studied with a
slipper tilt of 0.035°. For each turning speed a set of inlet pressures of 30, 50, 80, 100,

130 and 150 bar were studied.
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The effect of swash plate turning speed on leakage and groove pressure is represented
in figures 11 and 12. Figure 11 presents slipper leakage for several swash plate
turning speeds, where it is noticed that the slipper leakage decreases as the turning

speed increases. This result is understandable when it is realised that the flow created

by the swash plate rotation acts against the radial flow tending to leave the slipper at ©
= 0 degrees, see figure 2, and pushes the radial flow towards 6 = 180 degrees. As is
demonstrated in figure 4, the maximum flow around the slipper is expected to be at 0

= 0 and therefore the swash plate movement will prevent a normal evolution of the
slipper flow in this direction. This results in a decrease of slipper leakage with

increased turning speed.

0,7

0,6

—&— 150 bar
0,5 1

{

‘ —&— 130 bar
0.4 1 —&— 100 bar

y ' V 7 |
03 :\1\"_‘\.\_‘\,_‘\_‘ ‘ —»— 80 bar
M\X | —%— 50 bar
0,2 1

| —e—30bar
0 T T T

0 500 1000 1500

Leakage (I/min)

Rotational speed (rpm)

Figure 11. Slipper leakage as a function of pump turning speed.

Central clearance 15 microns, slipper tilt 0.035°. Experimental.
Figure 12 Demonstrates that as the turning speed increases the average pressure inside
the groove also increases. In fact it has also been seen during the experimental work
that the pressure differential inside the groove slightly increases with increased

turning speed and also with inlet pressure, although the maximum pressure
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differential found in all the experiments performed never exceeded 1.5bar. Therefore
it demonstrates that even when rotational speed is considered, the groove under study

allows a good momentum interchange between fluid particles around the groove.

) —e— 150bar
% —&— 130bar
2 —a— 100bar
% —>— 80bar
3 —%— 50bar
(.% —e— 30bar

0 500 1000 1500
Rotational speed (rpm)

Figure 12. Average pressure inside the groove when the slipper turns along the swash
plate. Central clearance 15 microns, slipper tilt 0.035°. Experimental

6 Conclusions

A new set of equations have been developed to take into account the effect of grooves

cut on slippers, slipper tilt and rotational speed. The equations have been generalised

to be used for a slipper with any number of lands. Results were achieved for slipper

tilts far beyond those that would exist in practice, had the test slipper geometry been

used in a pump application.

The equations can be used to evaluate the leakage at slipper tilts of the order likely to
be met in practice, and with sufficient accuracy for design purposes. It does seem
from the tests that the effect of slipper tilt on leakage is negligible for a real pump

application using the test slipper.
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It has been found experimentally that leakage increases as the slipper tilt increases and
for a given central clearance, such an increase is mostly independent of inlet pressure.
This is predicted by the theory. Theoretical and experimental results show a good
agreement especially at low slipper tilt. However the increase will be negligible for

practical slipper angles in the real pump application.

Although the theory predicts some pressure differential inside the groove, it has been
found experimentally that under normal working conditions, and for the slipper
groove studied, the pressure remains constant around the groove. Such a constant
pressure then decays as slipper tilt increases and theoretical predictions and

experimental results show a very good agreement.

It has been experimentally demonstrated that the well-chosen groove depth resulted in
a constant pressure around the groove and therefore a groove needs to be properly

designed to avoid a pressure differential effect.

As the slipper turns relative to the swash plate, the leakage decreases as the rotational
speed increases, while the average groove pressure increases with an increase in
rotational speed. A very small pressure differential inside the groove is detected as the
rotational speed increases. The theory developed is therefore valuable in that it can

predict the maximum leakage flow possible.

Confidence in the predictions is given by the fact that the slipper tilts chosen for the

experimental tests were an order of magnitude higher than those expected in a pump,
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should it have pistons matched to the test slipper. In fact the very small slipper tilts

expected in practice are extremely difficult to set experimentally.

Further work is needed on experimental validation of tangential velocity effects with

reference to force and torque distribution when the slipper position and tilt are

precisely known.

Appendix

The expressions for the different constants are given as a function of the first constant
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When substituting the different constants into the equations for the pressure
distribution at different lands, equations (10), (13), (16) and (19), explicit equations

for the pressure distribution at each land are obtained and take the following form.
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A.2 Axial piston pump analysis

A.2.1 Calibration curves for pressure transducers
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A.2.1.1 Calibration Curve transducer 26767 and charge amplifier #2
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A.2.1.2 Calibration Curve transducer 26768 and charge amplifier #3
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A.2.2 Pump model mesh deformation

A.2.2.1 User defined function for motion of pistons

[ o o ko ok o ok ok sk ok ok ok ok ok ok ok ok ok ok ok ok ok ok ok ok s ok sk ok ok ok ok ok ok sk sk ok ok ok ok Kok ok ok

/* UDF for defining the motion of a piston in an axial piston pump */
/* UDF written for use with FLUENT */

/********************************************************************/

#include "udf.h"

DEFINE_CG_MOTION(Piston_Motion_1,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t=CURRENT _TIME ;
pi=3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t* w
vel[2] = w*radius*tan(beta)*sin(theta) ;

DEFINE_CG_MOTION(Piston_Motion_2,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t = CURRENT_TIME ;
pi=3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t*w;
vel[2] = w*radius*tan(beta)*sin(theta-((40*pi)/180)) ;

DEFINE_CG_MOTION(Piston_Motion_3,dt,vel,omega,time,dtime)
{

real pi;
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real beta;

real radius;

real w;

real theta;

real t;

t=CURRENT TIME ;
pi =3.141592654 ;
beta = 0.3490658S5 ;
radius = 0.0306 ;
w=150;

theta=t* w;,

vel[2] = w*radius*tan(beta)*sin(theta-((80*pi)/180)) ;

DEFINE_CG_MOTION(Piston_Motion_4,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t=CURRENT_TIME ;
pi =3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t*w;
vel[2] = w*radius*tan(beta)*sin(theta-((120*pi)/180)) ;

DEFINE_CG_MOTION(Piston_Motion_5,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t=CURRENT _TIME ;
pi =3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t*w;
vel[2] = w*radius*tan(beta)*sin(theta-((160*pi)/180)) ;
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DEFINE_CG_MOTION(Piston_Motion_6,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t=CURRENT _TIME ;
pi=3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t* w;
vel[2] = w*radius*tan(beta)*sin(theta-((200*pi)/180)) ;

DEFINE_CG_MOTION(Piston_Motion_7,dt,vel,omega,time,dtime)
{
real pi;
real beta;
real radius;
real w;
real theta;
real t;
t= CURRENT TIME ;
pi = 3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
theta=t* w;
vel[2] = w*radius*tan(beta)*sin(theta-((240*pi)/180)) ;

DEFINE_CG_MOTION(Piston_Motion_8,dt,vel,omega,time,dtime)
{

real pi;
real beta;
real radius;
real w;
real theta;
real t;
t=CURRENT _TIME ;
pi =3.141592654 ;
beta = 0.34906585 ;
radius = 0.0306 ;
w=150;
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theta=1t *w ;
vel[2] = w*radius*tan(beta)*sin(theta-((280*pi)/180)) ;

DEFINE _CG_MOTION(Piston_Motion_9,dt,vel,omega,time,dtime)
{

real pi;

real beta;

real radius;

real w;

real theta;

real t;

t = CURRENT TIME;
pi =3.141592654;
beta = 0.34906585 ;
radius = 0.0306 ;

w= 150;

theta=t * w ;

vel[2] = w*radius*tan(beta)*sin(theta-((320*pi)/180));

Piston 1
Piston 2
Piston 3
Piston 4
Piston 5
Piston 6
Piston 7
Piston 8
Piston 9

90.0 180.0 270.0 360.0
Angle of rotation

A.2.2.2 Velocity of Pistons
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A.2.3 CAD drawings
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A.3 Slipper test apparatus

A.3.1 Calibration of displacement transducers

Output voltage / V

12.00

10.00 + - -

8.00 +- — -

6.00 -

4004

2.00 |

0.00

0

Displacement / mm

0.3 0.4 0.5 0.6

A.3.1.1 Eddy current sensor calibration curve (Sensor serial # 25267)
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A.3.1.2 Eddy current sensor calibration curve (Sensor serial # 25268)
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A.3.2 Retaining bolt tensile tests

Load / kN
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A.3.2.1 Load - deformation characteristics of retaining bolt (M4)
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A.3.2.2 Load — deformation characteristics of retaining bolt (M6)
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A.3.3 Bearing life calculations
The following section details bearing life calculations performed to confirm that the

bearings selected for use within the test apparatus developed in Chapter 4 would have

a suitable life expectancy. [89-91]

The basic rating life, L,, for a thrust ball bearing is given by
c, )
L, = [ P:J] 1)

Where:

L ;o = the life in millions of revolutions expected by 90% of an identical group
of bearings

C, = the basic dynamic axial load rating

P., = the dynamic equivalent axial load.

P, = the exponent of the life equation = 3 for ball bearings and 10/3 for roller

bearings

A.3.3.1 SKF 51132M thrust bearing
Since the nominal contact angle, a, of a bearing is 90°, i.e. the bearing can support
axial loads only, the dynamic equivalent axial load for the bearing is given by:

I)ea =F0 2

Where F, is the applied axial load.
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In order to provide satisfactory operation, thrust bearings must be subjected to a
minimum load. The required minimum axial load applied is given by the following

equation:

2
n
f%"“'A(looo] ®

Where:

F,m = the minimum axial load applied to the bearing / KN
A = the minimum load factor for the specific bearings

n = rotational speed / rpm

In the case of the thrust bearing in the apparatus, the axial load will be a combination
of its preload, and the force exerted upon it by the hydraulic pressure applied to the
slipper. The value of A for the bearing, as specified by SKF, is 1.1, with a maximum

expected rotational speed of 1500 rpm.

This gives a minimum axial load requirement, F,,, of 2.475 kN. This force must be

applied to the bearing at all times, so would be in the form of a pre-load.

Assuming a preload of 2.5kN, which can be applied by the tightening of the six
preload bolts, and a maximum hydraulic force of 12kN, the maximum expected axial

load, F,, acting on the thrust bearing is 14.5kN.

Thus using combining Equation (1) and (2), yields a value for L;p of 461 million

revolutions. This equates to 5120 hours of operation under full load and maximum

speed conditions.
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A.3.3.2 SKF 32206 J2/Q tapered roller bearing

The taped roller bearing experiences an axial load, the preload applied to the thrust

bearing. A radial load is also applied to this bearing due to the tension within the belt

driving the swash plate.

The basic rating life, Ly, for a radial bearing is given by:

19
Cr
Ly - [7) @

L ;o = the life in millions of revolutions expected by 90% of an identical group
of bearings
C, = the basic dynamic radial load rating

P, = the dynamic equivalent radial load.

For a roller bearing, for conditions where F,/ F, > e, the dynamic equivalent radial
load for a bearing undergoing constant loading is given by:

P = XF.+YF, (5)

Where

X = the radial load factor which is specified as 0.4 by SKF

Y = constant determined from the geometry of the bearing and shown in Equation (6),
F,=Radial force /N
F, = Axial force / N
e = A bearing constant which is specified as 0.37 by SKF

Y =0.4cota (6)
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Where a is the bearing half-included outer race angle, which is 14°. Using this value

of a with Equation (6) yields a value for Y of 1.60.

Assuming the motor develops full torque at its maximum speed, the applied torque, 7,

is:

r=2
w

@)
Where:

P = the maximum power developed by the motor / = 2.2kW

o = angular velocity / rad.s™

Thus, at 1500 rpm, the torque generated is equal to 14.0Nm. Hence, the tension, F,

applied to the belt at this applied torque is:

T
L _F ®)
RP
Where:

R, = the radius of the driven pulley
Using Equation (8), the maximum tension in the belt is found to be 615N. Therefore,
using Equation (5), the dynamic equivalent radial load value, P,, for the tapered roller
bearing, assuming it supported the full tension of the belt, was found to be:

P. =(0.4x615)+(1.6x2500) = 4246 N
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The basic dynamic radial load rating, C,, provided by SKF, was 50.1kN Thus using
Equation (4), the basic life rating of the bearing was determined to be 3740 million

revolutions or 41,500 hours.
A.3.3.3 SKF NU2210 ECP cylindrical roller bearing

The basic rating life, L9, for a radial ball bearing is given by:
C 3
L, = [?) ©)

Although minimal load was expected on this bearing, the calculations will assume a
worse case scenario of the bearing supporting the full load exerted by the tension of

the belt.

Since no axial load can be applied to this bearing, the dynamic equivalent radial load

is simply the radial force applied to the bearing.

The basic dynamic radial load rating was specified by SKF as 90kN. Thus using

Equation (9), the expected life was found to be 3.5 x 10 hours.

Based on these calculations, it was concluded that the bearings chosen would provide
a sufficient life span for use within the test apparatus. It is probable that the bearings
exceeded the life span required; however the bearings were originally considered for

their dimensions.
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A.3.4 Photographs of components within the test apparatus

Base plate and thrust bearing

Disc housing
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Test slipper

Tilting plate and supports
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A.3.5 CAD drawings
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A.3.6 Assembly drawings
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A.4 CFD analysis of slipper behaviour

Kinematic Viscosity /

120

Temperature / °C

A.4.1 Kinematic viscosity of shell tellus ISO32 hydraulic oil

A.4.2 User defined function for varying clearance CFD models

/********************************************************************/

/* UDF for defining the velocity of motion in z direction for run out of 11 microns */

/* with an angular velocity of 150 rad.sec-1. Initial condition zero deformation */
/* UDF applied to lower face of volume */
/* UDF written for use with FLUENT */

/********************************************************************/

#include "udf.h"
DEFINE_CG_MOTION(Slipper_Motion_1,dt,vel,omega,time,dtime)

{
real pi;
real runnout;
real w;
real theta;
real t;
t= CURRENT _TIME ;
pi =3.141592654 ;
runnout = 0.000011 ;
w=150;
theta=t* w;

vel[2] = -0.5*w*runnout*sin(theta) ;
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