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ABSTRACT

In this paper, the performance of a multi-pass heat pipe-based heat exchanger (HPHE) is investigated
experimentally and theoretically. The heat pipe system consists of copper heat pipes in a specific
equatorially staggered configuration to facilitate heat transportation from a hot gas (air) to a water flow,
which cools the condenser section of these heat pipes. The effect of the Reynolds number on the heat
transfer rate was studied by altering the number of passes for the evaporator section for the same system
by the incorporation of various baffles and by varying the water flow rate. The experimental results
have highlighted the strong correlation between heat exchanger performance and the Reynolds number.
By increasing the number of passes from one to five, the effectiveness of the HPHE was improved by
more than 25%. It has been demonstrated that increasing the number of passes increases the Reynolds
number of the flow, leading to higher heat transfer coefficients and lower thermal forced convection
resistances. The HPHE overall performance, as well as, the outlet temperatures of the fluids were
predicted through two theoretical models, based on the Log Mean Temperature Difference (LMTD)
method and the Effectiveness-Number of Transfer Units (e-NTU) method. The predictions were
compared with experimental results and the accuracy of the models reported. The validation showed
that the developed iterative LMTD model predicted the performance of the HPHE within £15.5% error.
In comparison, the e-NTU model predicted the total effectiveness with a maximum error of 19% and
was able to predict the outlet temperatures of both air and water streams within an accuracy of +£0.7°C.
The reported research is of importance for the application of heat pipe heat exchangers in waste heat
recovery. Finally, knowledge is provided on the accuracy of the available prediction models.
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NOMENCLATURE

A Surface area m?

C Heat capacity rate W.K™1

Cp Specific heat J.kg71.K™1

C, Heat capacity ratio, (C; = Cpmin/Cmax) dimensionless
Csr Constant in Rohsenow correlation depending on the dimensionless

surface-fluid combination

D Diameter of heat pipe m

g Gravitational acceleration m.s ™2

h Heat transfer coefficient W.m2K!
hsg Latent heat of vaporization J.kg™!

k Thermal conductivity W.m™1.K™?

L Length m

m Mass flow rate kg.h™lorl.s™!
n Number of rows dimensionless
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A major challenge faced by Energy Intensive Industries (EIIs) is the large amount of thermal energy
rejected during high temperature processes. For companies, the release of high temperature exhausts
represents a tangible loss of money and is an obstacle to competitiveness. In accordance with modern
economic concerns such as fluctuating oil prices, the high fossil fuel dependency of some countries,
and, in addition, the rising awareness in industry of global warming, innovative heat recovery systems
are being developed to reduce manufacturing costs with environmentally friendly solutions. For Ells,
the utilisation of heat exchangers, placed within an exhaust stream, to recover waste heat is a promising
solution [1]. However, the risk of stream cross-contamination or fouling in traditional technologies due
to the exhaust gas composition is high. For these reasons, the installation of heat pipe-based heat
exchangers (HPHES) is becoming more prevalent throughout the industrial sector as they provide a high
heat recovery performance whilst separating the hot and cold streams, thus eliminating the risk of
contaminating the heat sink.

Recently, HPHEs have been tested in many domains such as heating, ventilation and air conditioning
installations [2], heat recovery for hospitals [3], ceramics kilns [4—7], the steel industry [5,8,9], burners,
boilers and preheaters [10], photovoltaic-thermal systems [11], data centre cooling [12], metal forging,
automotive and nuclear applications [13], thermal storage [14], municipal waste treatment [15] among
others. The success of HPHEs is also explained by key advantages related to heat pipes. Indeed, for the
same heat transfer rate, the heat pipe technology permits a reduction in the size of the heat exchanger
by optimising the pipe size and length, with minimal need for maintenance and an increased lifespan of
more than twenty years [16]. For instance, the failure of a few heat pipes will have little impact on the
overall thermal performance of the heat exchanger. The applicability range of such installations is also
promoted by the small difference of temperature required between the hot and cold streams for efficient
heat transfer. Jouhara [17] evaluated the energy and cost savings by integrating a wraparound heat pipe
into conventional dehumidification and ventilation units. The wraparound heat pipe technology showed
a payback period of less than a year for medium sized central unit. Moreover, heat pipes are considered
as superconductors due to utilising two-phase heat transfer between the heat source and heat sink.
Jouhara and Robinson [18] investigated experimentally a thermosyphon using Dowtherm A and
Thermonol VP1 at working temperature up to 420 °C. The studied heat pipe showed an effective thermal
conductivity up to 20 kW.m'. K.

The performance of HPHEs depends on several factors such as the type and geometry of the heat
exchanger, the flow direction, the heat exchange area, the mass flow rates and the temperature of both
hot and cold streams [19,20]. Moreover, the fluid regime, which is described by the Reynolds number,
plays a significant role in the heat transfer. It is commonly known that more turbulent flow increases
the forced convection heat transfer coefficient. However, for a given increase in the Reynolds number,
information regarding the corresponding increase of the heat exchanger performance under different
flow conditions has limited availability in literature. To adjust the Reynolds number of a stream for a
constant flow rate, a mechanical solution is the introduction of baffles to change the number of passes
in the heat exchanger. By decreasing the flow area, the Reynolds number and turbulence increase.
Several studies have demonstrated the impact of changing the number of passes on the performance of
a given system. Ramos et al. [21] and Mroue et al. [22] investigated both numerically and
experimentally the performance of a similar air to water HPHE with one pass and two passes,
respectively. The two experiments were conducted under the same conditions such as equivalent air
and water inlet temperatures and mass flow rates, with the only variable being the number of passes.
The experimental results confirmed an increase in the heat transfer rate with increasing mass flow rate
and inlet temperature of the air stream. Yet, for constant conditions, authors observed that the
effectiveness of the HPHE was degraded when increasing the air flow rate. In comparison between one
pass and two passes, the heat transfer rate and total effectiveness of the heat exchanger was higher for
two passes. Kim et al. [23] numerically optimized the number of passes of a heat exchanger using
computational fluid dynamics. As an indicator, authors used the JF factor, a combination of the Colburn
(j) and friction (f) factors and balanced the heat transfer improvement with the induced pressure drop
to propose an optimum number of passes for their exchanger. Yet, the numerical results have not been
validated experimentally. Rao and Das [24] investigated a multi-pass plate heat exchanger and observed
that, at a low number of passes, an increase in the fluid velocity can be counterproductive in terms of

3



heat transfer enhancement. They also concluded that an increase in the heat transfer surface area can
become ineffective if it implies a bad distribution of the flow. In this case, it seems that the flow
distribution has had a higher impact on the heat transfer rate than the heat transfer area. However, the
authors did not investigate the effect of the number of passes on the overall performance of the heat
exchanger. Besides the advantage of HPHES, a significant amount of detailed scientific research in this
area is lacking. In particular, the impact of the number of passes and thus on the Reynolds number on
the performance of a HPHE has been hardly reported, experimentally. This paper aims at bringing some
knowledge to this gap in available publications.

For companies and engineers, the prediction of the performance of a system is also of interest and is
required to estimate the return-on-investment period for a given installation. For potential investors at
companies and Ells, an accurate return on investment prediction is vital to increase confidence in the
potential investment in a heat exchanger. To calculate the performance of a heat exchanger, two
techniques are commonly used: the Log Mean Temperature Difference (LMTD) method and the
effectiveness-Number of Transfer Units (e-NTU) method [25]. These two methods have different
purposes and complement each other. Traditionally, the LMTD method focuses on characterising the
overall performance of the heat exchanger. By using iterations, performance can be determined by using
the inlet and outlet temperatures of the heat source and heat sink, whilst considering the type of heat
exchanger and its geometry. This method permits the heat exchanger dimensions to be evaluated and
the heat transfer area needed to reach the desired outlet temperatures and duty to be calculated. In
essence, this is more useful in design but not for predicting outlet temperatures without knowing the
thermal resistance of the heat pipes. On the other hand, the e-NTU method aims at predicting the
performance and the outlet temperatures of the fluids when they are not known. In this case, the
geometry of the heat exchanger is fixed, and the user aims at predicting the exhaust temperatures of
both heat source and heat sink flows. Even if these methods are widely used, an indication on their
accuracy for different types of heat exchangers is valuable. In particular, the case of HPHESs needs to
be more thoroughly investigated.

Some studies evaluating the performance of heat exchangers with the LMTD and e-NTU methods have
been conducted and reported in the literature. Danielewicz et al. [26] studied the performance of an air
to air two-phase closed thermosyphon-based heat exchanger. A tool based on the e-NTU method was
used to predict the overall heat transfer coefficient and effectiveness of the HPHE, but its accuracy has
not been reported. The maximum effectiveness of the HPHE exchanger observed was 60%. Jouhara et
al. [27] theoretically and experimentally studied the behaviour of an air to air HPHE while changing
the air flow rate and inclination angle of the system. The e-NTU predictions were in good agreement
with experimental data for HPHE sizing applications. Brough et al. [28] developed and validated a
TRNSY'S model of heat pipe-based heat exchangers. The TRNSY'S component for HPHEs based on e-
NTU method was developed by Brough et al. The TRNSYS component was validated against
experimental results with an accuracy of 4.4% of the heat recovery.
. Similarly, Noie et al. [29] used the e-NTU method to estimate the performance of an air to air
thermosyphon based heat exchanger. The maximum effectiveness of the system reported was 65% but
the accuracy of the e-NTU method was not detailed. In their study, Ramos et al. [21] investigated the
performance of an air to water HPHE equipped with six thermosyphons. The experimental results have
been compared with a theoretical model based on the e-NTU technique and a Computational Fluid
Dynamics (CFD) simulation. Even though the accuracy of the analytical model was not evaluated, the
CFD prediction showed an error of less than 15%. When using a similar system with different
arrangements for the passes, Mroue et al. [22,30] predicted the performance of the HPHE using the
LMTD method and compared it with CFD simulations. For an air temperature of 250°C and a flow rate
of 0.14 kg.s!, the effectiveness values obtained were 17%, 27% and 37% for 1, 2 and 3 passes,
respectively. Hua et al. [31] reported a distributed parameter model using the e-NTU method to
numerically predict the performance of a multi-pass parallel flow condenser. In the case of this parallel
flow condenser, the agreement between the theoretical model and the experiments was within a range
of £20%. According to the literature, the effect of changing the number of passes inside the same heat
exchanger has hardly been reported. In particular, changing the flow Reynolds number inside a multi-
pass HPHE has not been studied in depth. In parallel, despite the wide use of the LMTD and e-NTU
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methods to predict the performance of a heat exchanger, the accuracy of these models is rarely
evaluated. Furthermore, these methods need to be adapted in the case of HPHESs, as both evaporator
and condenser sections must be studied separately. This paper aims at investigating the impact of the
number of passes on the heat exchanger effectiveness by changing the number of passes inside the same
HPHE. In addition to the experimental results, the LMTD and &-NTU methods are used to predict the
performance of a HPHE. The accuracy of these models is discussed when estimating the performance
of a shell-and-tube HPHE.

2 Methodology
2.1 Experimental Setup

The HPHE studied is a shell-and-tube type HPHE recovering thermal energy from a hot air stream and
transferring it to a water flow. The test parameters of air and water inlet temperatures were selected to
simulate the case of waste heat recovery from the hot air exhaust of an industrial process, which can be
reused to heat water. 3D drawings of the HPHE studied are presented in Figure 1.

Water out

Waterin

Figure 1: Drawing of the HPHE studied

To transfer the heat from the hot air stream to the water, 51 wickless copper heat pipes , also known as
two-phase closed thermosyphons (TPCT), were installed in a staggered arrangement in 6 rows. The
heat pipe outer diameter was 12.7 mm. The evaporator section designates the surface in contact with
the heat source (air) whereas the condenser section refers to the surface in contact with the heat sink
(water). The transition zone between the evaporator and condenser where no heat transfer takes place
is known as the adiabatic section. For the HPHE studied, the length of the evaporator, adiabatic and
condenser sections are 180 mm, 22 mm and 79 mm, respectively. The working fluid used in the heat
pipe was distilled water. To study the influence of the number of passes on the HPHE performance,
different arrangement of baffles in the evaporator have been tested in the same HPHE. By incorporating
baffles, the number of passes was changed from 1 to 5, thus increasing the Reynolds number of the air
stream. The different arrangements of the passes for the evaporator are shown in Figure 2.
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Figure 2: Arrangement of the passes for the air at the evaporator section of the HPHE

The air passage through the passes is represented by red arrows in Figure 3.

Figure 3: Air passage through the passes of the HPHE — case of five passes



For this series of tests, four water flow rates (0.010 kg.s!, 0.013 kg.s!, 0.017 kg.s™! and 0.020 kg.s™)
have been tested for each arrangement of the passes. The air flow rate was maintained constant (mg;,-=
29 kg.h"' £7) and so were the inlet temperatures of the air flow (Tair,iv= 102°C +1) and water flow (Twager,
in=15°C £2). The air flow was maintained at a constant temperature by a feedback control system, while
the water cooling cycle was an open loop. The experimental conditions are summarized in Table 1.

Table 1: Experimental conditions

Air Water
Number Inlet temperature Mass flow rate Inlet temperature Flow rates tested for
of passes each number of passes
°C kg.h™! °C kg.s~! kg.h™!
5 102.7 27.8-29.4 14.5-15.6
4 102.1 22.825.5 14.2-153 8'81(3) fé’?
3 101.1 30.2-31.3 14.1-16.8 0'017 61'1
2 102.3 30.7-34.9 13.7-14.8 0'020 71’9
1 102.6 24.4-26.7 16.4-17.0 ) )

The temperatures of air and water inlets and outlets and the evaporator and adiabatic section
temperatures of the heat pipes were measured using K-type thermocouples. Two thermocouples were
used to measure the air temperature at the inlet and outlet of the HPHE, and two thermocouples at the
water inlet and outlet. A thermocouple was installed after each air pass in the HPHE, and ten
thermocouples were installed on the evaporator section of the heat pipes of the HPHE. The working
temperature of ten of the heat pipes, two or more in each pass depending on the number of passes case,
has been recorded .i.e five heat pipes in each pass were measured for the case of two passes, and two
heat pipes in each pass were measured for the case of five passes. To measure the air flow rate, an
anemometer (Omega FMA900 series) was used while the water flow rate was measured by a turbine
flow sensor (Omega FTB370 series). All the sensors were linked to a data logger (MSI Datascan 7320).
In the test rig, the HPHE was connected to a closed loop air heat source and an open loop water heat
sink. The air loop consisted of a damper, used as a throttle valve to control the air flow rate, a fan, and
electrical heaters controlled by a PID system. The electrical power of the heaters was 3 kW due to the
electrical supply specifications at the laboratory. The PID controller was used to set a constant value of
the air temperature at the inlet of the heat exchanger. As for the open water loop, the flow was controlled
by a water valve. The test rig and piping and instrumentation diagram (P&ID) are presented in Figures
4 and 5. The fan blows the air through the heaters which heats the air to temperature setpoint which was
selected to be 100 °C and measured through a thermocouple installed after the heater. Then, the air
passes through the HPHE and cools down and flows through the fan and the cycle is repeated. The
closed loop of the air enabled to heat the air to 100 °C using a 3 kW heater and at higher flow rate than
an open loop option.
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Figure 4: Test rig of the HPHE
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Figure 5: Piping and Instrumentation Diagram (P&ID) of the test rig

For each experiment, the Reynolds number of the air and water streams are presented in Table 2.

Table 2: Air and water Reynolds number for each test

. Water Water Flow
Number of Passes Air Flow Reynolds Water Flo_\lzv velocity Reynolds
Number Rate (kg.s™) (m/s) Number
768 0.010 0.0021638 27.4
5 813 0.013 0.0028995 35.5
771 0.017 0.0034621 40.4
778 0.020 0.0043276 50.2
434 0.010 0.0021638 26.5
4 472 0.013 0.0028995 34.5
463 0.017 0.0036135 42.1
490 0.020 0.0043276 49.4
515 0.010 0.0021638 28.0
3 515 0.013 0.0028995 34.8
529 0.017 0.0036785 42.5
514 0.020 0.0043276 49.6
281 0.010 0.0021638 26.4
) 296 0.013 0.0028995 34.6
298 0.017 0.0036135 41.3
320 0.020 0.0043276 50.2




120 0.010 0.0021638 27.0
1 112 0.013 0.0028129 33.9
110 0.017 0.0036135 433
111 0.020 0.0043276 51.9

The Reynolds number of the air was higher for 3 passes than 4 due to higher flow air in this experiment.

2.2 Thermal Analysis

As briefly introduced, in the analytical investigation of heat exchangers two methods prevail. The
LMTD method is used to characterise the performance of a heat exchanger, based on the temperatures
of the two fluids at inlet and outlet. This method is often used to size a heat exchanger according to the
desired outlet temperatures. If the geometry of the heat exchanger is known, the e-NTU method is also
able to predict the performance of the HPHE as represented by the heat transfer rate. Consequently, the
outlet temperature of the heat source and heat sink can be determined. In the present study, the design
geometry of the heat exchanger is known and the prediction of the overall HPHE performance is
investigated. Furthermore, an accurate prediction of the outlet temperature with the e-NTU method is
of interest.

2.2.1 HPHE Thermal Resistance
Both LMTD and &-NTU methods are based on the electrical analogy approach, where the thermal
resistance of the heat exchanger is considered as an electrical resistance. Figure 6 illustrates the
electrical resistance diagram of a HPHE.

Tcold,out B Ea— Tcold,in
”_',:w > > —
thl = thl > ths ":j, > th,n <
Thot, in - Thot, out

Figure 6: Electrical-thermal resistance analogy of the HPHE

The HPHE consists of thermosyphons connected in parallel in the diagram, where each thermosyphon
is in in contact with the hot air stream at the evaporator. Each thermosyphon works independently and
transfers heat to the condenser section in contact with the cold water flow. According to the electrical
analogy of Figure 7, the total thermal resistance Rypyr of the HPHE can be calculated as follows [13]:

1 1 1 bt 1 N 1
= eee ]
RHPHE th,l th,z th,n—l th,n ( )
where R is the thermal resistance (K.W), the subscripts hp refers to heat pipe, and n is the number of
heat pipes in the heat exchanger. Assuming that the resistance of a copper thermosyphon is equal for
all thermosyphons, the total thermal resistance Rypyy of the heat pipe heat exchanger can be expressed
as:

R
Rupue = Tp (2)
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with Ry, the average resistance of a heat pipe (K.W1), and n the number of heat pipes in the heat
exchanger. To predict theoretically the average resistance of a heat pipe Ry, the working cycle of a
thermosyphon must be studied. To transport thermal energy from a heat source to a heat sink, heat pipes
use the two-phase cycle of a working fluid. At the location where the heat source is located, the working
fluid inside the heat pipe boils and turns to vapour, thus carrying energy. Driven by the pressure gradient
inside the pipe, the vapour rises to the condenser and condenses at the cold wall contact area. The
thermal energy is released to the wall and transferred to the heat sink. Finally, the condensate returns to
the evaporator section by the action of gravity (thermosyphons) or by capillary action (wicked heat
pipes). In the case studied, thermosyphons are used. In accordance with the previously described phase
change cycle of a working fluid inside a heat pipe, a thermal resistance analogy of a heat pipe can be
made. The two-phase cycle of a thermosyphon and its corresponding thermal resistance model are
presented in Figure 7.
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g - - r"'
S &
<}— . - —
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@ ] $ >
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= >
it — : <— &2
g, Q . 5
<
= — e P f— T WA WAT;
8] . .
Ra.out Re.rond Re.int
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Figure 7: Two-phase working cycle of a heat pipe and its corresponding thermal resistance model

The temperature symbols showin in Figure 7 are the following: T}, is the hot stream temperature, T, is
the outer wall surface temperature of the evaporator, T,; is the inner wall surface temperature of the
evaporator, Ty, is the saturation temperature of the heat pipe working fluid at the adiabatic section, T; is
the inner wall surface temperature of the condenser, T,, is the outer wall surface temperature of the
condenser, and T, is the cold stream temperature.

The total resistance of a heat pipe Rp,;, can be obtained by [32]:
th = Re,out + Re,cond + Re,int + Rc,int + Rc,cond + Rc,out (3)

In this model, R, 5,,+ and R 4y, are the forced convection heat transfer resistances at the evaporator and
condenser, respectively. Ry cong and R¢ cong represent wall radial conduction at the evaporator and
condenser, respectively. R, jn¢ and R ;¢ correspond to the boiling and condensation resistances of the
TPCT (K.W™), respectively. To estimate the boiling and condensation resistances, the relation between
thermal resistance and heat transfer coefficient is:
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1

with R being the total overall thermal resistance (K.W™), h the heat transfer coefficient (W.m2K"),
and A the heat transfer surface area (m?). To predict the heat transfer coefficient for condensation, the
Nusselt [33] correlation is generally used [34]:

1/4
pi(p1 — pp)hsg gk,

.uch (TV - Tci)

where p; and p,, are the liquid and vapour densities (kg.m™), hs 4 is the latent heat of vaporization (J.kg’
1, g is the gravitational acceleration (m.s?), k; is the thermal conductivity of the liquid (W.m.K'"), i,
is the liquid dynamic viscosity (Pa.s), L. is the condenser length (m), Ty, is the saturation temperature
of the working fluid (K), and T,; is the temperature of the condenser wall (K). To estimate the boiling
heat transfer coefficient, the correlation by Rohsenow [35] is advised for a wide range of applications
[36]:

hcondensation = 0.943

)

1

= 3
g-(pr — pu) |2 C

ivotting =Hl'hfg[ la ; ] '[(Csf.hfZ-Pn") (k) ©

In the correlation by Rohsenow [35], y; is the liquid dynamic viscosity (Pa.s), hs is the latent heat of
vaporization (J.kg'), g is the gravitational acceleration (m.s*), p; and p,, are the liquid and vapour
densities (kg.m™), o is the working fluid surface tension (N.m™), Pr = 1;Cp,;/k; is the liquid Prandtl
number, Cp is the specific heat (J.kg'.K™), k; is the thermal conductivity of the liquid (W.m"' K™), Cs¢
is a constant depending on the surface-fluid combination, n is a constant depends on the liquid-surface
combination which equals to 1 for this study, and AT, is the difference of temperature between the
evaporator wall and the saturation temperature of the working fluid (T,; — T,,) (K). The radial
conduction resistance of the walls at the evaporator and condenser are expressed respectively by:

Re cona = In(D,/D)/(21Lky,) (7)

Rc,cond = ln(Do/D)/(ZRLckW) (8)

with D, being the external diameter of the thermosyphon (m), D being the internal diameter of the
thermosyphon (m), k,, is the wall thermal conductivity (W.m™'.K™"), and L, and L, are the evaporator
and condenser lengths, respectively (m). The forced convection resistance at the evaporator R, o+ and
condenser R ,,; can be expressed in terms of forced convection heat transfer coefficients and the
corresponding heat transfer area using Eq.(4). To determine the forced convection heat transfer
coefficient of each pipe, the correlations by Zukauskas [19,37,38] can be used:

h D
Nu = fOTC@dco;;vectLon o — 1_04R€0'4PT0'36(PT'/PTS)O'ZS fOT' Re (9)
< 500
Nu = 0.71Re®>Pr%36(Pr/Pr,)%25 for 500 < Re < 1000 (10)
pVD,
Re = (11
u

where Nu is the Nusselt number, Rforced,onpoerion 1S the forced convection heat transfer coefficient
(W.m2.K™"), D,, is the external diameter of a TPCT (m), k is the thermal conductivity of the liquid (W.m"
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I K™"), Re is the Reynolds number, Pr and Pr; are the Prandtl number of the flow and the Prandtl number
at the surface temperature, respectively, and St and S; the transverse pitch and longitudinal pitch of the
staggered heat exchanger (m), respectively. For a number of rows less than sixteen, the Nusselt number
obtained by the Zukauskas [38] correlations must be corrected by a coefficient F, Nu prrectea = FNU,
as given in Table 3 [19,38]:

Table 3: Correction coefficient, F, for a number of rows less than 16

Number of rows 1 2 3 4 5 7 10 13
F (staggered) 0.64 0.76 0.84 0.89 0.93 0.96 0.98 0.99

In the case studied, the number of rows at the evaporator varies according to the number of passes.
The total number of rows for the case of one pass was six, while the total number of rows for the case
of two and five passes can be considered 10 and 25, respectively. From the above equations, it can be
concluded that the total thermal resistance of the HPHE is influenced by the flow Reynolds number.
Thus, according to the theoretical model, a change of mass flow rate or of the hydraulic diameter,
leading to a change in Reynolds number, will change the performance of the HPHE. The air velocity
increased in the pass due to the decrease of the cross sectional area for the same flow rate. As a result,
the Reynolds number increases with the increase of the velocity.

2.2.2 Logarithmic Mean Temperature Difference (LMTD) Method
A theoretical model based on the LMTD method was built to predict the performance of the heat
exchanger. The total heat transfer rate of the HPHE can be calculated from the following equation:

ATy

B RupuE (12)
where Q is heat transfer rate (W), AT}y, is the logarithmic mean temperature of the inlet and outlet air
and water streams, and Rypyg is the total thermal resistance of the HPHE (K.W™). AT, for a cross
flow heat exchanger can be calculated from:

AT — (Tair,in - Twater,out) - (Tair,out - Twater,in) (13)
LM In (Tair,in - Twater,out)

Tair,out - Twater,in

The thermal energy recovered by the water flow at the condenser is given by the following relation:
Q = mwater CP,water (Twater,out - Twater,in) (]4)

where 1,41y 18 the water mass flow rate (kg.s™), Cp yqter is the specific heat of water (J.kg"'.K™"), and
Twater,in and Ty qter out are the temperatures of the water at the inlet and outlet of the heat exchanger
(K), respectively. A similar analysis of the heat transfer rate can be made by focusing on the air flow.
The heat transfer rate can be written as:

Q= mairCP,air (Tair,in - Tair,out) (15)

where 1, is the air mass flow rate (kg.s™), Cp 44 is the specific heat of air (J.kg"'.K™"), and Ty i, and
Tqir our are the temperatures of the air at the inlet and outlet of the heat exchanger (K), respectively.
Theoretically, all the energy recovered from the hot air stream should be transferred to the water. The
effectiveness measures the performance of a heat exchanger and is expressed by the ratio of the actual
heat transfer rate to the maximum possible heat transfer rate. The maximum heat transfer rate of a
counter flow heat exchanger is calculated when either the outlet temperature of the hot fluid reaches the
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inlet temperature of the cold fluid, or when the outlet temperature of the cold fluid reaches the inlet
temperature of the hot fluid. The effectiveness (¢) of the HPHE is given by the following expression
[20]:

_ Qwater
€HPHE =

(16)

Qmax

Quater 18 the actual heat transfer rate recovered (W) and Q,;,,4, 1s the maximum possible heat transfer
rate (W). The maximum heat transfer rate achievable by a heat exchanger depends on the inlet
temperatures of both fluids and on the minimum heat capacity rate of the fluids as follows:

Qmax = Cmin (Tair,in - Twater,in) (13

In this expression Cy;,, is the minimum heat capacity rate (W.K™), and Ty i, and Ty grer iny are the inlet
temperatures of the air and water streams, respectively. Eq.(17) stipulates that the maximum heat
exchange achievable is the case where the fluid with minimum heat capacity reaches the temperature
of the other fluid. Indeed, the heat capacity rate indicates the capacity of a fluid to increase its
temperature for a given heat transfer rate. In this study, the fluid with minimum heat capacity rate is air.
Thus, the minimum capacity rate Cy,;,, can be written as:

Cimin = MqirCp qir (18)

with g, is the air mass flow rate (kg.s™), and Cp 4, is the specific heat of water (J.kg"'.K™"). Based on
the above equations from the LMTD method, the effectiveness of the heat exchanger can be predicted
using the inlet and outlet temperatures of the HPHE.

2.2.3 Effectiveness-Number of Transfer Units (e-NTU) Method

In contrast to the LMTD method, which determines the effectiveness of the HPHE using both inlet and
outlet temperatures of the streams, the e-NTU method allows a prediction of both outlet temperatures
and effectiveness of the heat exchanger. As its name indicates, this approach is based on two
dimensionless parameters: the effectiveness of the heat exchanger, ¢, and the number of transfer units,
NTU, defined as [19]:

UA
EHPHE = Q = f(NTU) and NTU = — (]9)

max C

U is the overall heat transfer coefficient of the heat exchanger (W.m™' K!), A is the heat transfer surface
area (m?) and C is the heat capacity rate (W.°K™"). According to this expression, if the effectiveness, ¢,
of the heat exchanger and the maximum theoretical heat transfer rate are determined, it is possible to
estimate the experimental heat transfer, Q, of a system. By using Eq.(17), the maximum heat transfer
rate, Qqax, can be calculated. Therefore, if the effectiveness, ¢, is calculated, by using Eq.(14) and
Eq.(15), it is possible to predict the outlet temperature of both air and water streams. Indeed, the core
of the e-NTU technique is the direct evaluation of the heat exchanger effectiveness, &, which is
calculated as a function on the NTUs. To do so, in the case of a HPHE, the evaporator and condenser
sections must be studied separately. At the evaporator, thermal energy is transferred by the hot air to
the working fluid while at the condenser, the working fluid transfers its thermal energy to the cold water.
These two sides can be studied separately. For both sections, the fluid is in a cross-flow configuration
with the working fluid inside the heat pipe, with the source and sink fluid directions in counter flow.
Therefore, the HPHE studied can be identified as an indirect-transfer-type system, constituted of a first
direct type heat exchanger of n, rows at the evaporator and of a second direct-type heat exchanger of
n. rows at the condenser [39]. Many correlations are reported in the literature to estimate the
effectiveness, €, of different types of heat exchangers [19,40]. In the case of a HPHE, as phase-change
occurs inside the heat pipe, the temperature of the working fluid is considered constant when heat is
absorbed. Therefore, by definition, its specific heat, ¢, and heat capacity rate, C, approach infinity. As
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a result, the capacity ratio, C, = Cpin/Cmax 1S €quivalent to zero and the effectiveness of a single row
is given by [19]:

Evaporator:
. €A€
€e1row = 1 —exp(=NTU,) with NTU, = 2 (20)
e
¢+ Condenser:
. CAC
gc1row = 1 —exp(=NTU,) with NTU, = 20

c

In the above equations, A represents the heat transfer area of one single row (m?), and C is the average
heat capacity rate of the fluids (W.K!), and U is the overall heat transfer coefficient of the sections
considered. To obtain the number of transfer units NTU for each section, UA must be evaluated using
forced convection correlations developed from empirical data and can be written as:

«» Evaporator:
1

UeAe = Re,out = hforcedconvectionreAe (22)

«» Condenser:

1
UA: =

R = hforcedconvectioanAC (23)
c,out

The forced convection heat transfer coefficient Arorced,,npecrion €20 b€ calculated using the Zukauskas
[38] correlations in Eq.(9) and Eq.(10). By using the above two equations, the effectiveness of a single
row at the evaporator and condenser can be predicted. For a number of rows at the evaporator (n,) and
condenser (n.), the overall effectiveness of each section is given by the e-NTU correlation for a shell-
and-tube heat exchanger of n rows. Once again, as the capacity ratio, C,., tends to zero in the case of
heat pipes, the correlation can be simplified. The overall effectiveness of both sections for n rows can
be calculated using the following expressions [19,39]:

@

< Evaporator

n
(1 I Cr‘,geé’e,lrow) ‘¢ 1 o
_ ~ <e,lrow r= _ Ne
ge,ne - 1-C Ne ? Ee,ne =1- (1 - Se,lrow) (24)
( r,ese,lrow) -C
_ r.e
1 Ee,lrow
«»+» Condenser:
n
(1 1— Crécfc,lrow) ¢ -1 ‘o
_ ~ €e,lrow r= _ N
gc,nc - 1-C nc ? sc,nc =1- (1 - gc,lrow) (25)
(M) —c
_ r,c
1 Ec1row

The total heat exchanger effectiveness, egpyg, can be determined from the overall effectiveness of the
evaporator section, &, , and of the condenser section, &, , by considering which fluid has the larger
heat capacity rate. In the case studied, the fluid with higher heat capacity rate, C, is water at the
condenser. Hence, the overall effectiveness of the HPHE is given by [19]:
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1 C/c\
+ /> (20)

€en, €ene

Ich > Ce: gHPHE = <

By using the above detailed equations of the e-NTU method, the effectiveness of the HPHE has been
predicted without using the outlet temperature of the fluids. Finally, by using Eq.(14) and Eq.(15), the
outlet temperature of both air at the evaporator and water at the condenser can be predicted.

2.2.4 Return On Investment (ROI) Calculations
The Return On Investment (ROI) is a performance figure used to evaluate the efficiency of an
investment from an economic perspective. The ROI can be determined from the following formula [7]:

ROI = Net Profit % 100 5
 Cost of Investment 27)

and the payback period can be determined from the following formula:

ROI = Cumulative Cash Flow %12 ( ths) 28
"~ Annual Net Benefit TMONEAs (28)

where the cost of investment is the total of the HPHE capital cost and installation cost. The net profit is
determined from the equivalent cost of the energy recovered, while considering the parasitic load such
as energy consumed by fans and pumps due to the installation of the HPHE.

3 Results and Discussions

3.1 Impact of the Number of Passes on the Overall Heat Exchanger
Performance

The experimental and theoretical heat transfer rates of the HPHE versus the water mass flow rate at
different number of passes are presented in Figure 8. The experimental results are plotted as points
while the theoretical results are plotted as lines with points. The experimental heat transfer rate was
calculated according to the water stream temperatures and flow rate. The theoretical heat transfer rate
was obtained using the LMTD method.

It can be observed that the heat transfer rate of the HPHE increases with the increase in the number of
passes. The HPHE achieved up to 264 W of heat recovery for the one pass setup and up to 459 W for
the case of five passes. However, despite the efforts made to maintain consistent air and water flow
rates and inlet temperatures, a small variation of these factors has played a significant role in the heat
recovery in the comparison. For instance, this explains why the amount of heat recovered by the water
in the case of four passes is lower than for three passes. It can be noted that heat transfer rate increased
with the increase in water flow rate. Moreover, the theoretical predictions using the LMTD model
showed a good agreement with the experimental results, although it over-predicted the heat transfer rate
for most of the experimental cases. Figure 9 shows a comparison between the theoretical predictions
using the LMTD and e-NTU methods, versus experimental results of the heat transfer rate. The heat
transfer rate was predicted within an error of £15.5% using the LMTD method and £19% using the ¢-
NTU method. The deviation of the theoretical predictions from the experimental results is due to the
uncertainty with the experimental results and the accuracy of the heat transfer correlation used to predict
the thermal performance of the HPHE. Figure 10 presents a histogram of the number of points versus
the deviation of the predicted results from the experimental results using the LMTD and &-NTU
methods. As Figure 10 illustrates, the LMTD method had higher accuracy and less error than e-NTU
method. The LMTD method had 10 out of 20 measurement points within an error of 3% and five
points of an error between 12% and 16%. The e-NTU method had eight measurement points within an
error range of -1% and 6%, seven points in the range of 12% and 15%, and four points in the range
between 15% and 20%. In comparison between the two methods, the LMTD had a smaller error range
with the majority of the points in the error range of £6%, while e-NTU had larger error range up to 20%

16



with over half of the points in the range between 12% and 20%. The LMTD method was more accurate
since it evaluates all the thermal resistances but it is more complex, while e-NTU is simpler to be applied
to predict the thermal performance without the complications of the heat pipe two-phase heat transfer.

Heat transfer rate (W)

Impact of water flow rate and number of passes on heat

transfer rate

550 —-5 Passes, LMTD
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Figure 8: Impact of water flow rate and number of passes on the total heat transfer rate
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Figure 9: A comparison between the experimental results and theoretical predictions of heat transfer rate using

LMTD and &-NTU methods
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Figure 10 Histogram of the theoretical predictions deviation from the experimental results of the heat transfer rate:
(a) using the LMTD method, (b) using the &-NTU method

Figure 11 illustrates the influence of water mass flow rate on the total effectiveness of the HPHE for
the experimental results and the results obtained by the LMTD method at different number of passes.
The experimental and theoretical results obtained through e-NTU method are presented in Figure 12.
The analysis of the HPHE effectiveness is important as it balances the relative impacts of Reynolds
number and variations in flow rates.

From Figure 11, it can be deduced that the total effectiveness of the HPHE has been improved between
number of passes from 1 to 5 by more than 50%, relative to the effectiveness for one pass. Indeed, by
increasing the air Reynolds number from Re = 110 to Re = 775, the total HPHE effectiveness
increased from 43% to 67%. Moreover, it can be observed that the total effectiveness obtained
experimentally was significantly improved between the case of a single pass and that for 4 passes cases,
while there was no significant change in experimental results between the case of 4 passes and that for
5 passes. This was due to the higher air mass flow rate for the latter. Both the LMTD and &-NTU over-
predicted the total effectiveness of the HPHE for most of the experimental cases.
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Figure 11: Experimental and LMTD method predictions of the total effectiveness of the HPHE
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Figure 12: Experimental and e-NTU method predictions of the total effectiveness of the HPHE
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The deviation of the theoretical predictions using the LMTD and &-NTU methods versus the
experimental results of the total effectiveness of the HPHE is presented in Figure 13. The theoretical
predictions made with the LMTD method show a very good agreement with the experimental results.
For the cases from 1 to 5 passes, the maximum differences between the LMTD prediction and the
experimental data were 15.5%, 1%, 1.2%, 5.55%, and 14.9%, respectively. The variations for the cases
of one and five passes can be attributed to the fact that the air flow through the pipes in the experiment
was not uniform as considered in the theoretical modelling. Overall, the predictions made by the LMTD
method are expected to be more accurate as they rely on both inlet and outlet temperatures of the fluids.

Theoretical Effectiveness (%)

Theoretical versus experimental total effectiveness of

the HPHE
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Figure 13: A comparison between the experimental results and theoretical predictions of the HPHE total

effectiveness using the LMTD and e-NTU methods
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Figure 14 Histogram of the theoretical prediction deviation from the experimental results of the HPHE effectiveness:
(a) using the LMTD method, (b) using the &-NTU method

As for the e-NTU model, the performance predictions have been noted to be less accurate, in comparison
to the LMTD method. This is to be expected as this method is more theoretical and predicts the
performance of the HPHE by considering only the inlet parameters and the geometry of the system.
Nevertheless, the maximum error made by the e-NTU model was only 19% for a number of passes of
3 as shown in Figure 13. Figure 14 presents a histogram of the number of points of the predictions
versus the percentage deviation from the experimental results for the LMTD and the e-NTU methods.
The outcome is similar to the heat transfer rate deviation range as the total effectiveness was based on
the experimental or theoretical heat transfer rate divided to the maximum heat transfer rate possible.
The LMTD method had 12 points out of 20 in the error range less than 6% and seven points in the
deviation range between 9% and 15%. However, the e-NTU method exhibited eight points in the
deviation range between -1% and 6%, seven points in the range between 9% and 15%, and four points
in the range between 15% and 20%. The LMTD method exhibited more accuracy in comparison with
e-NTU method with more data points closer to the experimental results. The &-NTU tended to
overpredict the results more than the LMTD method.

From this study, it is concluded that the e-NTU model is more sensitive to the prediction of the forced
convection resistance than the LMTD method. Indeed, as shown in Table 2, for three passes, the
Reynolds number is calculated to be higher than for four passes, based on the air flow rate
measurements. The potential measurement error made on the air flow rate, and thus on the calculation
of the Reynolds number at the evaporator, had a direct impact on the prediction by the e-NTU model.
In addition, in the case of three passes, the Reynolds number was higher than Re = 500, which indicates
that another forced convection correlation could be used to improve the accuracy of the prediction.
According to the literature, the accuracy of the semi-empirical forced convection correlations by
Zukauskas [38] is estimated between 15%-20% [20].

Other factors may also be responsible of the variations observed in the above results. At first, the air
flow and the inlet air temperatures between the experiments varied slightly. A direct impact of these
factors on the heat transfer can be expected. Furthermore, the water inlet temperature may vary as well.
This partially explains why, at a water flow rate of 0.010 kg/s, the water outlet temperature was more
important  higher for 3 passes configuration than in the 4 passes configuration Finally, the error
associated with the instrumentations used (thermocouples, anemometer, turbine flow sensor, data
logger) are also impacting the accuracy of the results, as discussed in Section 3.7.
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3.2 Impact of the Number of Passes on the Heat Transfer Resistance at the
Evaporator

This section focuses on the evaporator section to give detail on the influence of the number of passes
on the HPHE performance previously observed. By changing the number of baffles inside the system,
the Reynolds number of the air stream varied, which is expected to have a significant impact on the
forced convection heat transfer resistance at the evaporator. The impact of the number of passes on the
evaporator forced convection resistance is studied in Figure 15.

Forced convection resistance at the evaporator versus water
flow rate for various number of passes
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Figure 15: Forced convection resistance at the evaporator versus water flow rate for various number of passes

Due to the uncertainty in the accuracy and sensitivity of the anemometer used to measure the air flow
associated with the air temperature change, the forced convection resistance has been calculated from
the energy balance using Eq.(12), based on the energy gained by water. It was assumed that there was
no heat loss to the ambient since the heat exchanger was fully insulated. It has been observed that the
higher the number of passes, the lower the forced convection resistance at the evaporator due to the
increase in Reynolds number. By using 5 passes instead of 1 for the same heat exchanger, the evaporator
thermal resistance was reduced by 70%. This decrease in the evaporator thermal resistance is conveyed
to the overall thermal resistance of the HPHE as shown in Figure 16.
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Figure 16: The total resistance of the HPHE versus water flow rate

A similar trend in the total thermal resistance of the HPHE with the decrease in the evaporator thermal
resistance is observed. This validates the conclusion that the increase in heat recovery is mainly due to
the decrease in the evaporator convection thermal resistance and that other factors did not significantly
contribute to the increase in the HPHE performance. In addition, it can be noted that the water flow rate
had a limited impact on the thermal resistance of the evaporator. The experimental and theoretical
effectiveness of the evaporator versus the number of passes in the HPHE is presented in Figure 17.
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Figure 17: Impact of the number of passes on the evaporator effectiveness

For clarification, this analysis is conducted only for a water flow rate of 0.020 kg.s™! as the results are
similar from one water flow rate to another. From Figure 17, it can be concluded that a decrease in the
evaporator thermal resistance, as the number of passes increased, resulted in an increase in the
evaporator effectiveness. Indeed, from 1 to 5 passes, the experimental effectiveness of the evaporator
increased from 50% to 87%. The predictions made with the e-NTU method are in good agreement with
the experimental data with a maximum error of 9.6%.

By increasing the number of passes, it was observed that the heat transfer coefficient at the evaporator
section was improved. As the air passage section is reduced, the Reynolds number increased, and the
flow becomes more turbulent. Therefore, the heat transfer rate from the hot air stream to the heat pipes
is substantially enhanced.

3.3 Heat Transfer at Each Pass

In this section, only the case in which the HPHE comprised five passes is studied. The objective is to
investigate the heat transfer rate at each pass and the air temperature after each pass. For this analysis,
a water flow of 0.02 kg.s! has been selected. The air temperature after each pass and the heat transfer
rates achieved at each pass are presented in Figure 18.
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Figure 18: Experimental results of each pass for 5 passes and water flow rate of 0.02 kg.s™! (a): Air temperature
trend, (b): Heat transfer rate

It can be observed that the decrease in air temperature through the HPHE is not linear with the number
of passes. Indeed, the heat transfer is much higher for the first passes, which leads to higher differences
of temperature inside these passes. The non-linearity of the temperature distribution inside the HPHE
justifies the use of the LMTD method in the analysis. In the case of a geometry with five passes, it can
be noted that the heat transfer rate at the last pass (Pass 5) is a quarter of the heat transfer rate occurring
at the first pass (Pass 1) which is about 50 W against 200 W. Furthermore, the analysis permits one to
identify a potential inaccuracy in the temperature measurement in the case of the third pass. An
inaccuracy in the temperature measurement at the third pass and fourth pass may have caused the
observable discrepancy. This inaccuracy can be due to a non-uniform air distribution between the pipes
after each bend, and the position of the air thermocouples.

3.4 Impact of the Thermal Performance of the HPHE

As previously mentioned, the water flow rate at the condenser did not have any noticeable impact on
the forced convection resistance at the evaporator. However, it can be observed in Figure 8, Figure 11,
and Figure 12 that the water flow rate has a small effect on the overall performance of the HPHE. The
influence of the water flow rate on the overall performance of the HPHE has been investigated further.
From the previous sections, it can be noted that the heat transfer rate and effectiveness of the HPHE
slightly increased with the water flow rate. Between a water flow rate of 0.010 kg.s! and a water flow
rate of 0.020 kg.s™!, the maximum increase of the HPHE effectiveness was obtained with a geometry of
five passes. In this case, increasing the water flow rate from 0.010 kg.s! to 0.020 kg.s™! increased the
heat transfer rate from 424 W to 456 W. As for the total effectiveness of the HPHE, an increase from
63% to 67% was observed as the flow rate increased from 0.010 kg.s! to 0.020 kg.s™'. In comparison,
for a constant water flow rate of 0.020 kg.s!, increasing the number of passes from 1 to 5 improved the
total effectiveness of the HPHE from 43% to 67%. Hence, within the tested range of water flow rates,
it is concluded that the water flow rate has a much lower impact on the performance of the HPHE in
comparison to the number of passes.

3.5 Temperature Predictions

By using the LMTD model, the average working temperatures of the heat pipes have been predicted
and compared with experimental data. The experimental working temperature is the average of the
temperature measured using the thermocouples placed in the adiabatic section for each pass. The
theoretical working temperature was determined through the thermal model by using the two-phase heat
transfer correlations presented in the thermal analysis section and considering the heat transfer rate of
each heat pipe. The average working temperature of the heat pipes in each row is displayed in Figure
19. Obviously, depending on the geometry tested and the number of passes in the HPHE, the
measurements can only cover the full range of the number of passes inside the tested system. For
instance, no working temperatures of the heat pipes in rows number 4, 5 are available when the
geometry tested comprises three passes due to the positions of the thermocouples placed on the heat
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pipes. The average working temperatures of the thermosyphons reported in Figure 19 were obtained
with a water flow rate of 0.010 kg.s!.

Distribution of average heat pipe working temperature at
water flow rate of 0.01 kg/s
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Figure 19: Average working temperature of heat pipes and LMTD predictions for each pass at a water flow rate of
0.010 kg.s!

The pass number sequence starts from the air inlet to the air outlet. It can be noted that the experimental
measurements were higher than the theoretical predictions made with the LMTD method. This could
be due to the axial wall conduction in the copper tubes, which was not considered in the theoretical
modelling. There is a tendency for the working temperature of heat pipes to be higher at a higher number
of passes inside the system. However, experimental data were affected by the inlet temperatures of both
air and water streams, which were not rigorously the same for the experiments conducted. The
experimental results were obtained from average temperatures of multiple heat pipes. The heat pipe
temperature is significantly influenced by its position in the pipe pattern and its exposure to the air flow,
which was not uniform. Finally, it can be concluded from Figure 19 that the working temperature of the
heat pipes decreases for successive passes. As the air temperature decreases inside the HPHE due to the
heat exchange with the water, the equilibrium working temperature of the thermosyphon decreases
accordingly.

As introduced, one of the main advantages of the &-NTU method is the prediction of the outlet
temperatures of the fluids. In Figure 20, the predictions of the model based on the e-NTU method are
compared with the experimental water outlet temperatures.
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Figure 20: Experimental water outlet temperature and LMTD predictions

Consistent with the preceding analysis, the water outlet temperature increases with the number of passes
inside the HPHE. Again, depending on the water inlet temperature, the temperature may fluctuate.
Hence, for three passes inside the HPHE, the water outlet temperature was high due to a high water
inlet temperature, as shown in Table 1. Nevertheless, it can be claimed that the predictions of the &-
NTU method were quite accurate considering the high specific heat capacity of water. Indeed, based on
the HPHE geometry and on the inlet temperature of both streams, the model predicted the water outlet
temperatures with a maximum error of +0.7 °C. It should be noted that for the air outlet temperature,
the error in the prediction can reach 9 °C when the error in predicting the heat transfer rate is about
20%. This is due to the low specific heat capacity of air and the low air flow rate during the tests.

3.6 Industrial and Economic Impact

It was observed from the results that the heat recovery increased by about 74% for the case of the HPHE
having 5 passes in comparison with the single pass case. Thus, the HPHE can recover 74% of waste
heat in an industrial application during a whole working year, assuming the thermal performance
enhancement of the full scale is the same as for the lab scale. Assuming the full scale heat recovery is
100 kW for a single pass, there are 8440 working hours per year and capital and installation costs are
£120,000 in total, the pay-back period of the HPHE will be 34 months. The payback period falls into
the favourable industrial applications is generally three years or 33% as ROI.

For the case where the HPHE is modified to have 5 passes and assuming the enhancement of the heat
recovery is 74% as for the lab-scale, the payback period is reduced to 24 months for the same setup.
In more detail, the reduction in the payback period came from the fact that the HPHE with a single pass
can save £24,150 per annum, while for 5 passes the HPHE case can save roughly £42,000 per annum.
These results were based on the saving of natural gas which would be used to generate the heat at a cost
0f 0.025 £.kWh! [41].
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This study is based on the condition that air mass flow rate and pressure drop of the HPHE for all the
cases are equal. However, the hydraulic resistance of the HPHE and pressure drop of the single pass
HPHE are less than for 5 passes. Hence, the fan requires more power to compensate for the increased
hydraulic resistance in the air duct, and to achieve the same flow rate in a full-scale application.
However, the increased parasitic load of the fan which was assumed to be 10 kW will be much less than
the increase in the heat recovery which keeps the 5 passes case of the HPHE more efficient and
economical. Moreover, the heat recovery and the effectiveness were significantly for the same footprint
of the HPHE, which presents a viable solution for limited installation space.

3.7 Uncertainties Associated with the Experimental Results

The main source of uncertainty associated with the experimental heat recovery and effectiveness values
came from measurements of temperature and flow rate. The uncertainty associated with the readings of
the temperature is (0.05% reading + 0.38 °C), while the one associated with the water flow meter is
+1% of the full scale. The propagation of uncertainty associated with experimental heat recovery can
be calculated using Equation (29) according to Taylor [42]:

2

G\ 2 S _ )
SQ — qut X (_V) + < (Twater,out Twater,m) ) (29)
4 (Twater,out - Twater,in)

where S _ _y is the uncertainty associated with the difference in temperature, and Sy, is
(Twater,out Twater,m)

the uncertainty associated with the water flow rate. The error associated with temperature difference
between the water inlet and outlet is:

— 2 2
S(Twater,out_Twater,in) - \/STwater,out + STwater,in (30)

The error associated with the effectiveness can be calculated from:

S S
Ss =X ( Qout) + ( Qmax) (3])
Qout Qmax
Siair ) S (T atrin-Twaterin) \
S o — Q X <ﬂ> +< air,in water,in ) (32)
e e Vair (Tair,in - water,in)

Table 4: Uncertainty associated with instruments used to measure the experimental data

Parameter Sensor Uncertainty
Temperature Datascan 7320 0.05% £ 0.38 °C
Air velocity Omega FMA900 +1 % of reading
Water flow rate Omega FTB370 +1% of reading

The maximum error associated with the experimental heat transfer rate and the total effectiveness of
the HPHE are shown in Table 5 and Table 6, respectively.
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Table 5: Maximum errors associated with the experimental heat transfer rate

Heat transfer rate, Q,,; Absolute maximum error, Maximum relative error
(W) So (W)
out
424.43 23.39 5.51
459.37 31.14 6.78
443.16 37 8.35
455.57 46.14 10.13
349.28 23.25 6.66
386.53 31.02 8.03
380.2 38.53 10.13
408.64 46.07 11.27
400.93 23.37 5.83
413.83 31.06 7.51
425.79 39.25 9.22
428.45 46.09 10.76
377.11 23.29 6.18
403.37 31.04 7.70
408.24 38.53 9.44
437.06 46.12 10.55
264.28 23.16 8.76
248.55 29.99 12.07
246.79 38.47 15.59
250.25 46.05 18.40

Table 6: Maximum errors associated with the experimental effectiveness of the HPHE

Effectiveness, Absolute Maximum

& maximum relative
error,S;  error 3=
&
(%)
0.625 0.0353 5.64
0.6395 0.044 6.89
0.6422 0.0542 8.43
0.6656 0.0679 10.20
0.6289 0.0425 6.76
0.6407 0.052 8.11
0.6424 0.0656 10.21
0.6533 0.0741 11.34
0.5567 0.0331 5.95
0.5597 0.0426 7.60
0.5607 0.0521 9.30
0.5791 0.0627 10.83
0.5007 0.0315 6.29
0.5082 0.0396 7.79
0.5055 0.0481 9.51
0.5094 0.0541 10.62
0.412 0.0365 8.85
0.4153 0.0504 12.13
0.4185 0.0654 15.64
0.4251 0.0784 18.44
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4 Conclusion

In this study, the performance of an air to water HPHE was investigated theoretically and
experimentally. The HPHE was studied at various Reynolds numbers of the air and water flows. The
Reynolds number was changed by adding baffles inside the given heat exchanger at the air side and by
changing the water mass flow rate.

It was observed from the experimental results that the number of passes had a significant impact on the
heat recovery. The enhancement of the HPHE thermal performance was due to the enhancement of the
heat transfer coefficient by forced convection at the air side. The forced convection resistance at the
evaporator has been reduced by more than 70% by increasing the Reynolds number of the air flow.

The heat recovery increased from 264 W to 459 W, which represents a 74% increase. The heat recovery
increased from 264 W to 459 W, which represents a 74% increase. The enhanced heat recovery led to
increase the effectiveness of the HPHE from 43% for a single pass to 67% for five passes. The maximum
effectiveness enhancement by increasing the number of passes was 56%. However, the increase of the
water flow rate had less impact on the heat recovery and the total effectiveness of the HPHE.

Furthermore, two theoretical models based on the LMTD method and the e-NTU method have been
developed to predict the thermal performance of the HPHE, and compared with experimental data. The
LMTD method, which used the inlet temperatures of the fluids and geometry of the HPHE, predicted
the performance of the HPHE to within + 15.5% error. However, the e-NTU model prediction showed
an error up to 19%. Yet, the e-NTU method permits a prediction of the performance when the outlet
temperatures of the fluids are unknown and is simpler to be applied. Moreover, the e-NTU model
predictions of the outlet temperatures of both air and water streams were with an accuracy of +0.7°C.
It was also observed that the e-NTU model was more influenced by the uncertainty of the measurements
on the air flow than the LMTD model, which relies more on temperature measurements.

The LMTD model was used to predict the working temperature of the heat pipes which showed an
overprediction of 8 °C, the accuracy could be further enhanced in future studies by investigating
different two-phase heat transfer correlations.

Both modelling tools can be applied to predict the thermal performance of a HPHE where the LMTD
method consider the two-phase heat transfer in the heat pipe while e-NTU offers a simplified approach
with less accuracy assuming that the heat pipes are fully functional.

This study presented a multi-pass solution which enhances the effectiveness and the heat recovery of
the HPHE for the same footprint and overall dimensions, which is desirable when the available space
for installation is limited in industrial applications.
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