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ABSTRACT 

The objective of the present dissertation, is the development and evaluation of a 

simplified, semi–empirical, multi–zone, thermodynamic model for the prediction of tail–

pipe NOx emissions and history inside the combustion chamber, during the closed cycle of 

DI Diesel engines. The model is implementable on different engine configurations by using 

the measured cylinder pressure trace. 

The motivation for this work, emerges from the requirement of the internal com-

bustion engines industry to control pollutant emissions. This requirement is attributed to the 

strict legislation limits that the governments worldwide have adopted. One of the most af-

fected engine type from this legislation is the DI Diesel engine because it is widely used in 

the transportation sector (maritime and automotive), in non–road application (heavy–duty 

industry), in power generation in distant/isolated areas and in the passenger car sector. Spe-

cifically, in the last sector, Diesel engines have gained important share against gasoline en-

gines the last years. Moreover, one of the most important controlled pollutant, in these sec-

tors, is NOx. For these reasons, in the present work, the author focuses on the field of NOx 

control in DI Diesel engines, targeting on the development and validation of a simplified 

model that can contribute to the deployment and application of NOx control strategies. 

A variety of simulation models exist which can predict performance and emis-

sions of Diesel engines. These models are divided into three major categories: 

1. Three dimensional models (i.e. CDF, spray phenomenological models). 

2. Zero dimensional models (i.e. physical–thermodynamic models). 

3. Statistical/empirical models. 

The models of the first category, provide a detailed and strong physical (fundamental) de-

scription of the processes taking place inside the combustion chamber, but suffer from high 

complexity and computational cost. Because of these, this kind of models is inadequate for 

practical and real–time applications. The models of the second category make use of the 

basic thermodynamic laws and chemistry following a theoretical approach rather than a de-

tailed spatial description of the combustion chamber processes. Their philosophy is to divide 

the in–cylinder charge into zones. Thus there exist models that make use one to multiple 

zones. Single zone models are not appropriate for NOx emission prediction because they 

provide only the mean in–cylinder temperature which is too low to cause NOx formation. 

The use of zero dimensional multi–zone models is a solution to this drawback. Nevertheless, 

the existing models of this kind, make use of semi–empirical or phenomenological correla-

tions for the prediction of fuel distribution inside the zones, air entrainment, etc. which in-

crease model’s complexity, calibration effort and computational cost. The third category 

comprises models that make use of totally empirical correlations derived from experimental 

data processing. These models are usually applicable only on the engine type for which they 

have been developed and validated. Their implementation range, regarding engine operating 

points, is limited due to the lack of physical base. However, these modes are very simple and 
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provide directness (since they use actual engine operating data, e.g. from ECU and sensors) 

and very low computational cost. 

Considering the advantages and disadvantages of the models of the aforemen-

tioned categories, it was decided to develop a model that combines the merits of the zero–

dimensional multi–zone and empirical models in conjunction with the use of the measured 

pressure trace on which the most important phenomena taking place inside the combustion 

chamber are reflected on. 

Thus, a new model for NOx prediction for DI Diesel engines was developed and 

evaluated. The proposed model makes use of the engine’s geometry data, measured in–cyl-

inder pressure trace and basic engine operating parameters. Initially, it utilizes the measured 

pressure trace to estimate the fuel combustion rate via heat release rate analysis. From this, 

a temporal distribution of the burnt fuel is created in the engine cycle. Then, the resulting 

elementary fuel amounts burnt consecutively at each time instance and attributed to individ-

ual combustion zones, following a multi–zone approach. The amount of the requisite unburnt 

in–cylinder charge in each zone, is determined from the zone fuel–air equivalence ratio. This 

parameter is calculated from an empirical correlation developed in the present work and is 

assumed constant for all zones. This correlation involves engine operating parameters and 

data derived from the pressure trace processing and heat release rate analysis. The aforemen-

tioned parameter is considered constant during the engine cycle but varies with operating 

conditions, engine settings and engine type. Each zone, after its generation, behaves as a 

closed thermodynamic system and evolves inside the combustion chamber having its own 

history of chemical composition, temperature and volume, while maintaining the in–cylinder 

measured pressure prevailing at each crank angle step. The amount of NOx formed inside 

each zone is calculated using the extended Zeldovich mechanism. The total amount of NOx 

emissions at the engine exhaust is calculated from the sum of zone NOx at exhaust valve 

opening. According to this concept, the model provides the time history (zonal and total) of 

NOx formation inside the combustion chamber. 

The proposed model has been validated and evaluated on various types of super-

charged DI Diesel engines such as large–scale, 2–stroke engines used for ship propulsion 

and stationary engines used for power generation, large–scale 4–stroke engines used as aux-

iliary engines on ships or at power plants and a heavy and a light–duty 4–stroke automotive 

engine, utilizing a total of 221 test cases. These cases correspond to various engine operating 

points and engine adjustments/settings. Thus, the ability of the model to predict the absolute 

NOx values for each test case and capture the effect of the variation of these parameters on 

NOx formation, has been examined. The parameters considered are the following: 

 Engine load 

 Engine speed. 

 Fuel type. 

 Injection timing. 

 Exhaust gas recirculation (EGR) rate. 

 Fuel injection pressure. 

 Intake manifold pressure. 

As revealed from the implementation of the model on the aforementioned exten-

sive range of engine types and operating points, it is capable to predict NOx emissions with 
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adequate accuracy for the majority of the test cases examined. The most important is its 

ability to capture the NOx variation (i.e. trend) as engine parameters vary. The last is accom-

plished for various engine configurations without significant calibration effort, since only a 

single multiplier for each engine is used to correct the model’s results. Another significant 

advantage of the proposed model is the low computational cost. These encourage its use for 

engine research, development and optimization in the scope of NOx reduction, real–

time/model–based and close–loop NOx control, NOx monitoring and verification. 

THESIS STRUCTURE 

In the first chapter of the present dissertation, a brief description of the Diesel 

engine and its advantages, is provided. At next the theory of combustion and NOx formation 

inside the combustion chamber is presented and analyzed. To indicate the necessity for NOx 

control enhancement, the adverse effects of NOx pollution on human’s health and environ-

ment are described. Due to these effects, the NOx legislation limits for the maritime and 

automotive sector are steeply descending. These limits and the grade of their descent the last 

years are also presented. It follows a brief description of the current and future primary and 

after–treatment technologies for the NOx control. 

In the second chapter a comprehensive literature review is presented, for the sim-

ulation models that are commonly used for NOx prediction. These models are categorized in 

three major categories according to their complexity, reliability and computational cost: 

1) Multi–zone, three–dimensional phenomenological. 

2) Single–zone, purely empirical and semi–empirical. 

3) Zero–dimensional, semi–empirical/phenomenological, multi–zone, thermody-

namic. Emphasis is given in the last category, in which the proposed model falls 

into. 

The model is presented analytically in the third chapter. Initially a description of 

the cylinder pressure trace acquisition and processing is demonstrated. The calculation for 

the initial conditions, which are used in both, heat release and NOx model, follows. Then, the 

methodology adopted for the calculation of: heat release rate, heat exchange with the cylin-

der wall, start and end of combustion and finally combustion rate, is comprehensively de-

scribed. The NOx model is analyzed at next, by presenting its main gist and concept and by 

describing the rationale followed for the combustion zones and the unburnt zone. The sub–

models that are used for the NOx calculation, namely the chemical dissociation scheme (for 

the calculation of equilibrium composition) and the extended Zeldovich mechanism (thermal 

NOx calculation, i.e. NO), are also presented. The calibration of the model is described at 

last. 

The results of the application of the proposed model are presented in the fourth 

chapter. At first, the NOx predictions from the application on large–scale Diesel engines, 

where the capability of the model to capture the NOx against engine load/speed variation, 

start of injection and fuel type variation, is examined. Then, the model is implemented on a 

heavy–duty truck engine and a light–duty passenger car engine, where the model’s capability 
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to capture the NO against the variation of engine load, engine speed, injection timing, EGR 

rate, injection pressure and intake manifold (boost) pressure, is examined. From the results 

analysis, the ability of the model to capture the NOx trends with the variation of the afore-

mentioned parameters is proven. Furthermore, the statistical analysis of the results is pre-

sented, revealing adequate agreement between calculated and measured NOx values. At last, 

an investigation for the NO formation history is conducted using the proposed model. 

Eventually, in the last chapter (fifth), the summary and conclusions of this disser-

tation are presented. Also the development and novelty features of the proposed model, the 

proposed future work are presented and the scientific publications resulted from this work 

are listed. 
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NOMENCLATURE 

Acronyms 

ABDC After Bottom Dead Center 

ACT Apparent Combustion Time 

AFR Air to Fuel Ratio 

AFT Adiabatic Flame Temperature 

ASIC Application Specific Integrated Circuit 

ATDC After Top Dead Center 

BDC Bottom Dead Center 

bsfc brake specific fuel consumption [g/kWh] 

CA Crank Angle [° ABDC] 

CASS Combustion Air Saturation System 

CCAI  Calculated Carbon Aromaticity Index 

CFD Computational Fluid Dynamics 

CGHR Cumulative Gross Heat Release [J] 

CHR Cumulative Heat Release [J] 

CN Cetane Number 

CNHR Cumulative Net Heat Release [J] 

COC Center Of Combustion [° ABDC] 

CPU Central Processing Unit 

CR Compression Ratio 

CRL  Connecting rod length [m] 

DFO Diesel Fuel Oil 

DI Direct Injection 

DWI Direct Water Injection 

ECAs Emission Control Areas 

ECU Engine Control Unit 

EESC Extended European Stationary Cycle 

EGR Exhaust Gas Recirculation 

EIAPP Engine International Air Pollution Prevention 

EOBD End of Blow Down period [° ABDC] 

EOC End Of Combustion [° ABDC] 

EPA Environmental Protection Agency 

EU European Union 

EVC Exhaust Valve Closure [° ABDC] 

EVO Exhaust Valve Opening [° ABDC] 

FA Fresh Air 

FPGA Field Programmable Gate Arrays 

GPU Graphics Processing Unit 

HAM Humid Air Motor 

HCCI  Homogenous Charge Compression Ignition 

HFO Heavy Fuel Oil 

HR Heat Release [J] 
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HRR Heat Release Rate [J/°] 

ICE Internal Combustion Engines 

IMO International Maritime Organization 

IVC Intake Valve Closure [° ABDC] 

IVO Intake Valve Opening [° ABDC] 

LHV Lower Heating Value [J/kg] 

LNT Lean NOx Trap 

LTC Low Temperature Combustion 

MARPOL MARitime POLlution  

MW Molecular Weight [kg/kmol] 

NHRR Net Het Release Rate [J] 

ODE Ordinary Differential Equation  

PC Personal Computer 

PCCI Premixed Charge Compression Ignition 

PM Particulate Matter 

RAM Random Access Memory 

RG Residual Gas 

RMSE Root Mean Square Error [%] 

SAM Scavenging Air Moistening 

SCR Selective Catalytic Reduction 

SF Scaling Factor 

SFWI Stratified Fuel Water Injection 

SMD  Sauter Mean Diameter 

SOC Start Of Combustion [° ABDC] 

SPC Scavenging Port Closure 

SPO Scavenging Port Opening 

STDV STandard DeViation 

TC Turbo Charger 

TDC Top Dead Center [180° ABDC] 

US United States 

VEC Variable Exhaust valve Closure 

VGT Variable Geometry Turbine 

VIT Variable Injection Timing 

VVA Variable Valve Actuation 

VVL Variable Valve Lift 

VVT Variable Valve Timing 

WaCoReG Water Cooled Residual Gas 

WFE Water Fuel Emulsion 

Abbreviations 

A Area [m2] 

a, b, c Annand formula coefficients 

c polynomial coefficients 

C Sensor calibration constant [bar/V] 

cn Savitzky–Golay coefficients 

comb. max maximum combustion pressure [Pa], [° ABDC] 

compr. start start of compression [° ABDC] 
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cp specific heat capacity at constant pressure [J/kmol/K] or [J/kg/K] 

D cylinder bore [m] 

f function 

fs sampling rate frequency [Hz] 

G Gibbs free energy [J] 

g partial molar Gibbs function [J/kmol] 

H enthalpy [J] 

h specific enthalpy [J/kmol] or [J/kg] 

hp products enthalpy [J/kg] or [J/kmol] 

hr reactants enthalpy [J/kg] or [J/kmol] 

i current step, operating point sequence number 

k thermal conductivity [W/m/K], reaction rate constant [m3/kmol/s] 

Kp equilibrium constants 

M chemical substance, third body element, total number of test cases 

m mass [kg], carbon (C) mass fraction in the fuel [kmol/kg fuel] 

𝑚̇ mass flow [kg/h] 

N engine speed [rpm] 

n number (amount), molar amount [kmol], hydrogen (H) mass fraction in the fuel 

 [kmol/kg fuel] 

ncyl cylinder number 

P normalized pressure, Power [kW] 

p pressure [bar] or [Pa] 

p sulfur (S) mass fraction in the fuel [kmol/kg fuel] 

Q heat [J] 

q oxygen (O) mass fraction in the fuel [kmol/kg fuel] 

R crank radius [m], reaction rate 

𝑅̅ universal constant for ideal gas 8314.47 [J/kmol/K] 

R2 coefficient of determination 

r nitrogen (N) mass fraction in the fuel [kmol/kg fuel] 

Re Reynolds number 

S Cylinder stroke [m], total entropy [J/K]  

s specific/molar entropy [J/kmol] 

Sp mean piston speed [m/°] 

str. number of strokes per engine cycle, equals 2 or 4 for 2 and 4–stroke respectively 

t time [s] 

T Temperature [K] 

Tp products enthalpy [K] 

V Volume [m3], Voltage [V] 

v specific volume [m3/kg] 

W Window of values 

x piston displacement [m], mole fraction 

y mass fraction 

Subscripts 

0 initial or reference value 

ABS absolute 

air air 
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amb ambient 

aver average 

b burnt 

beg pegging point 

c clearance, conductivity 

ch charge 

cyl cylinder 

dv dynamic viscosity 

diss dissociation 

eng engine 

eq equilibrium 

exh exhaust 

f fuel 

form formation 

G gross 

g Gibbs 

h enthalpy 

IA Intake Air 

IM Intake Manifold 

j jth chemical element/species 

L Left 

m cylinder sequence number 

max maximum 

min minimum 

N Net, Nominal 

peg pegging 

r reaction 

R Rig11ht 

ref reference 

REL relative 

s smoothed, entropy 

sc scavenging 

sens sensible 

st stoichiometric 

t sequence number of the test cases 

tr trapped 

ub unburnt 

w wall 

z zone, zone sequence number 

Superscripts 

- reverse 
+ forward 
0 standard–state 
eq equilibrium 
k current iteration sequence number 
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Greek Symbols 

γ isentropic exponent, ratio of heat capacities (cp/cv) 

Δθ crank angle interval, crank angle resolution [°] 

  differential of the extent of reaction 

 efficiency 

θ crank angle [°] 

μ dynamic viscosity [Pa s], chemical potential [J/kmol] 

 stoichiometric coefficient 

 density [kg/m3] 

 Stefan Boltzmann constant (=5.6704*10-8 [W/m2 K4]) 

 fuel/air equivalence ratio  
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Chapter 1 INTRODUCTION 

1.1 Diesel Engines 

The Diesel engines are reciprocating internal combustion engines (ICE) convert-

ing the chemical energy of the fuel into useful work. These engines are commonly used in 

vehicles, non–road applications, marine and stationary applications (e.g. power generation). 

The Diesel engine was invented from the engineer Rudolf Diesel (1858 – 1913) in 1890, 

who received a number of patents for his work [1,2,3,4]. His objective was to increase the 

efficiency of the existing type of engines (i.e. steam–engines) and to use low quality–distil-

lation liquid fuel such as petroleum–fuel oil. He suggested to directly inject the fuel inside 

the combustion chamber at the appropriate instance during the compression phase, where 

the temperature of the trapped air is adequately high to cause auto–ignition of the injected 

fuel, avoiding the use of a spark–plug. This is the reason that Diesel engines are also called 

compression–ignition engines. Rudolf Diesel’s patents were bought from MAN (Maschi-

nenfabrik Augsburg Nürnberg) company and from Sulzer Brothers (1893) where his inven-

tion was further developed [5]. From these years until today, Diesel engines have signifi-

cantly evolved and technologically improved in the section of power output, efficiency, 

emissions, manufacturing materials, control systems, etc. 

Currently, the Diesel engine finds widespread application in both stationary and 

transportation powertrain systems. Due to its superior fuel efficiency (up to 55%), durability, 

reliability, flexibility, long lifetime, high torque output and the ability to use a variety of 

low–cost fuels, the Diesel engine has a prevailing role in transportation (i.e. cars, trucks, 

locomotives, ships, etc.), heavy–industry (factories, quarries, mines, construction, etc.) and 

power generation applications. Indicatively, it is mentioned that more that 95% of maritime 

applications make use of Diesel engines [6,7]. 

However, the Diesel engine still remains a significant pollution source, especially 

concerning nitrogen oxides (NOx) and particulate emissions (PM). To overcome this, re-

searchers and engineers are intensively working on the optimization of the combustion pro-

cesses to increase engine efficiency, improve performance and reduce pollutant emissions 

to comply with increasingly stringent environmental regulations (i.e. EURO V/VI (EU), 

Stage III/IV (EU), TIER II/III (IMO), etc.) 

1.2 Combustion and NOx  Formation in DI Diesel Engines 

In the present section, the combustion and NOx formation processes taking place 

inside the combustion chamber of direct injection (DI) Diesel engines are briefly described. 
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1.2.1  Brief Description of  the Diesel  Thermodynamic Cycle and 

Combustion in DI Diesel  Engines 

DI Diesel engines are divided into two major categories: the 2–stroke and the 4–

stroke engines. The engines of the first category are mostly used in large–scale applications 

(i.e. vessel propulsion and power plants) while the 4–stroke Diesels are used in automotive 

sector, heavy–industry, locomotive and smaller power generation applications. Currently, 

both 2–and 4–stroke Diesel engines are usually supercharged [8,9,10]. The essential differ-

ence of the thermodynamic cycle of the aforementioned Diesel types is the intake and ex-

haust phases, namely the scavenging procedure which determines the amount and the com-

position of the trapped charge. In 4–stroke engines, intake air is forced into the cylinder 

through the intake valves forced from the compressor or due to the vacuum resulted from 

the downward piston move. After combustion, the exhaust gasses are forced outside the cyl-

inder through the exhaust valves mostly due to the upward piston move. In 2–stroke engines, 

the compressed air enters the cylinder through intake ports when the piston is in its lower 

position. The compressed intake air displaces the exhaust gasses from the previous cycle 

throughout the cylinder from the exhaust valve or exhaust ports, utilizing the pressure dif-

ference between intake and exhaust manifolds/receivers. However, the processes taking 

place during the closed cycle is quite similar for both engine categories. 

After intake valve/s or ports closure, the trapped charge is compressed and its 

temperature rises. At the appropriate time instant, usually when the piston arrives slightly 

before top dead center (TDC) (or slightly after TDC), fuel is injected inside the combustion 

chamber at high–pressure through the extremely small orifices of the injector to form the 

fuel spray (fuel atomization). Then, the fuel evaporates and is mixed with air and then is 

auto–ignited due to the high prevailing temperature. This causes a rapid increase of the in–

cylinder pressure which then forces the piston downwards and hence useful work is produced. 

The production of work (positive work) initiates from the top dead center (TDC) until the 

time where the piston reaches the lowest point of its stroke, namely bottom dead center 

(BDC). The exhaust procedure begins when the exhaust valves/ports open. At next, a sche-

matic description of both Diesel thermodynamic cycles, 2 and 4–stroke, is provided, where 

the aforementioned processes are depicted. 

In Fig. 1.1 and 1.2, are depicted the indicative thermodynamic cycles, in the form 

of pressure–volume (p–V) diagram for two engines, a 4–stroke and a 2–stroke. These dia-

grams are derived from measured in–cylinder pressure traces. These pressure traces corre-

spond to a 4–stroke passenger car DI Diesel engine (Fig. 1.1) and a 2–stroke vessel propul-

sion DI Diesel engine (Fig. 1.2). The experimental data from the specific engines were uti-

lized in the present work. Both engines are supercharged. The two cycles are quite similar 
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with the exception of intake and exhaust procedures where their differences are clear. More-

over, the gradient of the log(p)–log(V) diagram at compression and expansion phase provides 

an indication for the corresponding polytropic index n (pVn=const.) of the charge. 

  

Figure 1.1: p–V diagram (on log. axis) of a light–

duty, supercharged, common rail, DI, 4–stroke 

Diesel engine using pilot injection of a passenger 

car running on 2500 rpm and mid–load (31.3 

kW).1 

Figure 1.2: p–V diagram (on log. axis) of a 

large–scale, uniflow scavenging, DI Diesel engine 

used for vessel propulsion operating on 80% of its 

maximum continuous rating (MCR) brake power 

which is 68.3 MW. Scavenging port opening and 

closing is denoted with SPO and SPC 

respectively. 

For Diesel engines, the fuel injection is a determinant procedure because it drives 

the combustion evolution inside the combustion chamber affecting pollutant formation and 

engine performance. Moreover, the amount of the injected fuel per engine cycle, determines 

the engine load. 

The highly compressed liquid fuel is injected into the cylinder through the injector 

with a spray form as shown in Fig. 1.3. The injected fuel is atomized into small droplets and 

penetrates inside the combustion chamber. During jet penetration, the fuel droplets vaporize, 

due to the high prevailing temperatures, and mix with the unburnt entrained charge (ambient 

air, exhaust gas recirculation (EGR) and residual gas (RG)) forced from the spray momentum 

and charge flow (swirl, quench and squish, see Fig. 1.4). Then, when the conditions (local 

                                                 

1 The exhaust valve closure (EVC) occurs before intake valve opening (IVO) which does not happens in general. The last 

causes negative valve overlap (both valves are closed) which is one of the reasons for the pumping work losses. The EVC 

occurs some degrees before TDC and the IVO occurs some degrees after TDC to avoid possible collision of the valves and 

piston [252] since this engine has a very high compression ratio (18:1). In this figure are also depicted the intake valve 

closure (IVC), start of combustion (SOC), end of combustion (EOC) and exhaust valve opening (EVO). 
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equivalence ratio, temperature and pressure) become suitable, the fuel reacts with the oxi-

dizer (i.e. O2) according to highly complex, degenerated chain branching mechanisms [11] 

driving it to auto–ignite. 

  

Figure 1.3: Schematic description of Diesel spray physical processes leading to ignition under high–

temperature and pressure conditions [12]. 

 

Figure 1.4: Combustion chamber flow [13]. 

The stages that the combustion process of DI Diesel engines can be divided into 

[8,13,14], are presented at next: 

 Ignition–delay (prior combustion). 

 Premixed phase (rapid combustion). 

 Mixing–controlled phase (diffusion combustion). 

 Reaction–controlled phase (late combustion). 

The time period between the start of injection (SOI) and ignition (i.e. the start of 

combustion (SOC)) is called ignition–delay. Ignition–delay period depends mostly on fuel 

type/quality which is defined from the injected fuel ignitability (ignition index, cetane num-

ber (CN) for Diesel fuel, Calculated Carbon Aromaticity Index (CCAI) for heavy fuel oil – 

higher CN indicates lower auto–ignition temperature). Other parameters that affect (directly 

or indirectly) the physical (fuel atomization, vaporization and mixing) and chemical (pre–

combustion reactions) preparation of the mixture and hence ignition delay are the flowing: 
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The injection pressure, injector design (injector type and orifice number and diameter, shape 

and angular position in reference with cylinder axis) (the lasts affect atomization and droplets 

speed, penetration, dispersion, mixing, etc.), injection timing (i.e. charge temperature and 

pressure during injection), fuel viscosity at injection time, fuel volatility, compression ratio, 

combustion chamber design (charge perturbation), exhaust gas recirculation (EGR) rate and 

residual gas (RG) fraction (i.e. charge chemical composition) and cylinder temperature have 

a significant impact on ignition delay [8,13]. 

During the ignition delay period, a nearly homogeneous mixture of fuel and oxi-

dizer is formed. This mixture combusts almost instantaneously resulting in a sharp pressure 

rise (depends on the time, regarding TDC, where ignition occurs and on the length of ignition 

delay period). It is auto–ignited and burns rapidly causing, in some cases, a first heat release 

rate (HRR) peak. In this combustion phase, HRR is controlled by chemical reactions speed 

(reaction rate), the amount of combustible mixture formed during ignition delay and the 

grade of homogenization. To minimize the effect of this phase, which is the major reason of 

combustion noise and possible “Diesel knock” but also of increased temperatures and thus 

NOx formation, the duration of ignition–delay period and the prepared amount of the pre-

mixed mixture should be both reduced. This is achieved by applying retarded SOI and/or 

pilot injection or, if the possibility exists, use of fuel with higher CN, etc. 

After premixed combustion, the combustion process evolves simultaneously with 

spray penetration and mixture formation. Combustion is then controlled by mixture for-

mation (mixing–controlled – diffusion combustion) [13]. Due to the gradual combustible 

mixture preparation in parallel with combustion, occurring in Diesel engines, this process is 

characterized by heterogeneous mixture formation and combustion. Diesel engines operate 

on a fuel lean global equivalence ratio, however due to the direct injection, the mixture pre-

sents various equivalence ratios locally, ranging from very reach to very lean. An indicative 

illustration of mixture stratification in the fuel spray is depicted in Fig. 1.5. This figure was 

derived from the combination of laser–based planar imaging diagnostics, empirical meas-

urements and piecewise analyses with chemical kinetic codes as presented in the investiga-

tions of Dec [15] and Flynn et al. [16] for the understanding of the processes occurring in 

Diesel combustion. Such mixture stratification leads inevitably to the formation of pollutants, 
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especially soot particles and NOx [13] as also shown in Fig. 1.5. An indicative photographic 

illustration of the combustion process in a Diesel engine is depicted in Fig. 1.6 [17]: 

  

Figure 1.5: Model for Diesel combustion according to Dec [15] and Flynn et al [16]. 

 

Figure 1.6: One combustion flame compared to eight combustion flames at 1500 bar injection pressure. 

This image is derived from the licentiate thesis of Dembinski H. W. R. [17]. 

The mixing–controlled phase represents the most important part of combustion 

where more than 80% of the total injected fuel is burnt [8]. During this stage, the HRR is 

controlled by the turbulent mixing procedure between the fuel vapor and unburnt charge, 

which determines the amount of combustible mixture at each time instance. This mixture 

burns essentially as a turbulent diffusion flame with yellow–white or/and orange luminosity 

due to the presence of carbon particles [8]. In this phase, several processes are evolved inside 

the combustion–chamber simultaneously, such as: 

 injection of liquid fuel, 

 spray breakup, 

 atomization, 

 droplet evaporation, 

 mixing of vaporized fuel with unburnt charge (air and residuals), 

 pre–flame chemical reactions, 

 combustion reactions, 

 flame propagation and 

 pollutant formation. 
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Mixing–controlled combustion continues after fuel injection completion if the 

other processes (penetration, vaporization, mixing, etc.) are still evolving. Due to the high 

inhomogeneity caused from these processes, each formed pocket of fuel–unburnt charge 

burns with a different combustion rate. A snapshot of combustion during this phase is de-

picted in Fig. 1.5 and 1.6 [17]. Particularly, in Fig. 1.5 [15,16] some of the characteristics of 

the spray and combustion flame are indicatively shown. Among the partially oxidized prod-

ucts of the premixed combustion, precursor species are also found, which lead to particle 

formation further downstream, in the middle of the flame. The diffusion flame is formed 

around the injection spray on a surface with a close to stoichiometric equivalence ratio. The 

partially oxidized products of the rich premixed combustion and the particles formed, move 

further downstream and are transported into the diffusion flame, where they are completely 

(usually) oxidized into carbon dioxide and water. Due to the high temperatures of the diffu-

sion flame front and post–flame gases in conjunction with the high oxygen concentrations, 

NOx formation is favored. 

At the last part of combustion, namely the late combustion phase which persists 

throughout the expansion stroke, the combustion rate is significantly decreased. This is due 

to the decay of momentum introduced from the injection resulting in decrease of air–entrain-

ment rate and due to the consumption of the greatest amount of the injected fuel. However, 

the total HR during this phase is distinguishable since is represents the energy of about 20% 

of the total injected fuel [8]. At this phase, HR originates from the complete oxidation of fuel 

rich combustion products and soot derived from the previous combustion phase and did not 

be oxidized during the turbulent diffusion combustion and also from the small fraction of 

vaporized fuel which has remained from the previous phase. As cylinder volume increases 

during expansion, the charge temperature decreases and hence reaction rates decrease. 

Namely, the chemical kinetics become slower which promotes complete combustion and 

less dissociation of the combustion products [8,13]. Indicatively, in Fig. 1.7, the HR rate 

(HRR) diagram and the various combustion phases along with the in–cylinder pressure and 

mean temperature diagrams of a light–duty, DI Diesel engine of a passenger car are depicted: 

  

Figure 1.7: HRR diagram and the combustion phases along 

with the in–cylinder pressure and mean temperature 

diagrams of a light–duty, supercharged, common rail, DI, 

4–stroke Diesel engine using pilot injection of a passenger 

car running on 2500 rpm and mid–load (31.3 kW). 
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1.2.2  The Theory for NO x  Formation in DI Diesel Engines 

The most important pollutants formed in Diesel engines are the NOx, SOx (for 

marine and power station engines fuels) and soot (particulate matter: PM) [8,14,18]. All of 

these harmful emissions can be efficiently controlled using a combination of appropriate 

technologies. In this study only the NOx emissions are examined. 

NOx are chemical compounds of nitrogen (N) and oxygen (O). There exist a total 

of eight NOx structures denoted as NyOx where x=1, 2...6 and y=1 or 2. However, the major 

NOx types that formed inside the combustion chamber of Diesel engines are the nitric oxide 

(NO), nitrous oxide (N2O) and nitrogen dioxide (NO2) of which the structure is depicted in 

Fig. 1.8: 

   

   

nitric oxide (NO) nitrous oxide (N2O) nitrogen dioxide (NO2) 

Figure 1.8: The chemical structure of the NOx occurring in Diesel engines [19]. (Å=10-10 m) 

Nitric oxide (NO) consists the majority of NOx amount, usually more than 90%. 

However, at low load operation, where high air excess exists, greater amount of NO2 is 

formed, up to 10–30%, which is decreasing at higher engine speeds [8]. NO2 is formed when 

NO molecules, coming from high–temperature regions, are transported through the mixing 

process towards low temperature regions where they find significant concentrations of HO2, 

which together with radical OH are used as the main oxidant agents in the conversion from 

NO to NO2 [20,21]. It is emphasized that NO2 has higher toxicity than NO as well as higher 

potential than NO to form photochemical smog [20,22]. At mid and high loads and also 

during transient operation, N2O, NO2 and other NOx except NO, are negligible [8,23,24,25]. 

NO, which is a colorless and odorless gas, can be produced in the lab from oxygen 

(O2) and nitrogen (N2) under high pressure and temperature conditions according to the fol-

lowing endothermic chemical reaction which is described in Eq. (1.1) [26]: 

𝑁2 + 𝑂2 → 2 ∙ 𝑁𝑂 −182.4 kJ/mol (1.1) 

Obviously, NOx formation in Diesel combustion chamber is much more compli-

cated. Nonetheless, various simple mechanisms have been proposed for its modeling. The 

most recognized mechanisms describing the NOx formation are the following: 

1. Thermal NOx formation. 

2. NOx formation from intermediate N2O. 

3. Prompt NOx formation. 

4. Fuel NOx formation. 
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The predominant NOx formation mechanism is the thermal NOx formation, while 

the other mechanisms have a rather small contribution. Thermal NOx is formed in both flame 

front and high temperature post–flame gases [8,27]. The formation of thermal NOx is deter-

mined from the highly temperature–dependent chemical reactions proposed by Zeldovich 

[28,29] and thus also called Zeldovich mechanism. These chemical reactions are described 

in Eq. (1.2) and (1.3): 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁 (1.2) 

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 (1.3) 

Later, Lavoie et al [30] introduced an additional reaction which has been shown 

to contribute to the formation of thermal NOx, particularly at near–stoichiometric conditions 

and in fuel–rich mixture, which is described in Eq. (1.4): 

𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻 (1.4) 

The mechanism that contains Eqs (1.2) – (1.4), is called extended–Zeldovich 

mechanism, is kinetically–controlled and is strongly dependent on the local availability of 

N2 and especially O2, local temperature (exponential dependency) and residence time at high 

temperatures, namely higher than 1800 K where NOx formation is more intensive. The high 

temperatures are required to brake the strong triple bound of N2 which has high dissociation 

energy (941 kJ/gmol). However, late during expansion, where the in–cylinder temperatures 

decreases significantly, NOx formation reaction rates are reduced, thus NOx concentration 

freezes. Furthermore, NO2 formation initiates from the oxidation of NO at low temperature 

regions [8,25,30,31,32]. 

NOx formation from intermediate N2O mechanism is favored at elevated pressures, 

high O2 concentrations (since O is mostly derived from O2 dissociation) but not very high 

temperatures. Thus, when Diesel engines are operated at low temperatures (i.e. low temper-

ature combustion (LTC engines [33], i.e. homogenous or premixed charge compression ig-

nition engines (HCCI and PCCI) ), high exhaust gas recirculation (EGR) rates, etc.) in order 

to prevent thermal NOx formation, the intermediate N2O mechanism may contribute up to 

30% in total NOx [32,34,35,36]. The aforementioned mechanism can be described from the 

Eq. (1.5) – (1.7) [30] where M is a third body element: 

H + 𝑁2𝑂 ↔ 𝑁2 + 𝑂𝐻, (𝑀 + 𝑁2𝑂 ↔ 𝑁2 +𝑂 +𝑀) (1.5) 

O + 𝑁2𝑂 ↔ 𝑁2 + 𝑂2 (1.6) 

O + 𝑁2𝑂 ↔ 2𝑁𝑂 (1.7) 

Prompt NOx is formed at the flame front, in the lower temperature regions (about 

1000 K) [13] from chemical compounds derived from the reaction of nitrogen (N2) com-

prised in the trapped air with the fuel hydrocarbon radicals (HC) and carbon atoms (C) pro-

duced during the combustion pre–reactions in very fuel–rich regions. From this reactions 

CN or/and HCN compounds are formed, which subsequently react with O atoms to form NO 
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[27]. The prompt mechanism was first identified from Fenimore [37] and is described from 

the following reaction routes (Eq. (1.8) – (1.11)): 

The major contributors (see Eq. (1.8)) in this mechanism are the CH and CH2 but also C, 

C2H, etc. may participate. Prompt NOx formation is proportional to the carbon atoms con-

centration and is independent of the parent hydrocarbon identity. The quantity of HCN 

formed increases with the concentration of hydrocarbon radicals which in turn increases with 

equivalence ratio. As equivalence ratio increases, prompt NOx production increases at first, 

then passes a peak, and finally decreases due to the deficiency in oxygen [32]. Nevertheless, 

the contribution of prompt NOx to total NOx is rather small in Diesel engines [27]. 

Finally, the fuel NOx mechanism causes NOx formation from fuel–bound nitrogen 

compounds comprised in the fuel, such as ammonia (NH3), pyridine (C5H5N), quinoline 

(C₉H₇N), pyrroles (C4H5N) and many other amines which can be designated as RNH2, where 

R is an organic radical or H atom [27]. This mechanism is important when heavy fuel oils 

(low distillation fuels) are used, which comprise noticeable amounts of N. The extent of 

conversion of fuel nitrogen to NOx depends on the local combustion characteristics and the 

initial concentration of nitrogen–bound compounds. Fuel–bound compounds that contain N 

are released into the gas phase when the fuel droplets or particles are heated during the va-

porization stage [32]. 

It should be noted that the NOx formation process is much more complicated than 

the one described from the aforementioned mechanisms, which however provide a realistic 

picture of the formation mechanism and decent predictions when utilized in modeling. Nev-

ertheless, numerous models can be found in literature, which adopt more detailed description 

of NOx formation by making use of a greater number of chemical reactions and use less 

assumptions, however introducing high computational cost and sensitively [38,39,40,41]. 

Regardless the NOx formation mechanism, due to the hazardous consequences 

that NOx induce on human health and environment, governments worldwide have adopted 

strict regulations to limit NOx emissions. At next, the basic legislation limits that have been 

set in many countries are presented. 

1.3 Pollution from NOx  Emissions and Future Legislation 

NOx  Limits for Diesel Engines 

1.3.1  Adverse Effects of NOx  on Human Health and Environment 

Environmental air quality and human health deterioration due to exhaust gas 

emissions [42,43] has become a severe problem that governments are enforced to deal with 

𝐶𝐻 + 𝑁2 ↔ 𝐶𝐻𝑁 + 𝑁 (1.8) 

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 (1.9) 

𝐶𝐻𝑁 + 𝑂𝐻 ↔ 𝐶𝑁 + 𝐻2𝑂 (1.10) 

𝐶𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝐶𝑂 (1.11) 
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worldwide. NOx, which is mainly anthropogenic, causes acid rain, smog and ground level 

ozone. The adverse effects of these phenomena on human health and environment are sum-

marized below [43,44,45]: 

1. Decrease in–lung function, resulting in breathing difficulty, shortness of breath, 

and other symptoms. 

2. Respiratory symptoms, including bronchitis, aggravated coughing, and chest pain. 

3. Increased incidence/severity of respiratory problems (e.g. aggravation of asthma, 

susceptibility to respiratory infection) resulting in more hospital admissions and 

emergency room visits. 

4. Chronic inflammation and irreversible structural changes in the lungs that, with 

repeated exposure, can lead to premature aging of the lungs and other respiratory 

illness such as edema of lungs and pulmonary emphysema. 

5. Respiratory irritation, headaches, eye irritations, loss of appetite, corrosion of 

teeth, nausea, skin irritation, serious developmental delays in children and even 

cancer. 

6. Acidification of surface water, reducing biodiversity and killing fish. 

7. Forests damage through direct impacts on leaves and needles and by soil acidifi-

cation and depletion of soil nutrients.  

8. Damage of forest ecosystems, trees, ornamental plants, and crops through 

ground–ozone formation. 

9. Contribution to coastal eutrophication, killing fish and shellfish.  

10. Contribution to decreased visibility (regional haze) and especially in crowded cit-

ies with high traffic where the atmosphere becomes suffocating.  

11. Speeding up of weathering of monuments, buildings, and other stone and metal 

structures. 

In order to restrict NOx pollutant in the atmosphere and thus improve the standard 

of living of citizens and limit the deterioration of environmental impact, regional, national 

and international organizations/unions have adopted strict limits for NOx emissions from 

internal combustion engines (ICE) and other combustion sources. In the present study, where 

the NOx emissions from Diesel engines are examined, the current and future limits, which 

correspond to the specific engines, are presented. 

1.3.2  NOx  Legislation for Diesel Engines 

For the Diesel engines installed on vessels, (for propulsion and power generation) 

with output power over 130 kW, the International Maritime Organization (IMO) has set strict 

limits for NOx emissions (regulation 13, Annex VI [46]). These limits are described by the 

requirements of the Engine International Air Pollution Prevention (EIAPP) certificate and 

the subsequent demonstration of the in service compliance in accordance with the require-

ments of the mandatory, regulations 13.8 and 5.3.2 respectively, NOx Technical Code 2008 
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(resolution MEPC.177(58)) [47]. These regulations indicate three different limits deter-

mined from engine speed and engine construction date. These limits and the percentage re-

duction of the last two are listed in Table 1.1 [46,47]: 

Tier 
Ship construction 

date on or after 

Total weighted cycle emission limit [g/kWh] 

n: engine’s rated speed [rpm] 

𝑛 < 130 130 ≤ 𝑛 ≤ 1999 𝑛 ≥ 2000 

I 1 January 2000 17.0 45 ∙ 𝑛−0.2 9.8 

II 1 January 2011 14.4 44 ∙ 𝑛−0.23 7.7 

III 1 January 2016* 3.4 9 ∙ 𝑛−0.2 2.2 

Reduction from  

Tier II to III [%] 
76 ~80 71 

* Subject to a technical review, this date could be delayed, regulation 13.10. 

Table 1.1: Tier I, II and III NOx limits for ship engines with engine power over 130 kW. 

The European Union (EU) NOx emissions standards for various types of Diesel 

engines, corresponding to the most recent directives (EURO IV–VI, Stage II–IV (2002/80/EC, 

715/2007, 2005/55/EC, 595/2009, 2002/88/EC, 2010/26/EU, 2010/22/EU), etc.) [48], are 
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presented in Table 1.2 [49]. From this table, the steep decrease of NOx emissions limits is 

obvious. 

Engine Type 

EURO IV EURO V EURO VI Limit descent from 

EURO IV to VI 2005 2009 2014 

NOx [g/km] NOx [g/km] NOx [g/km] [%] 

Diesel Passenger Cars 0.25 0.18 0.08 68 

Diesel Light Commercial 

Vehicles (<1305 kg) 
0.25 0.18 0.08 68 

Diesel Light Commercial 

Vehicles (1305–1760 kg) 
0.33 0.235 0.105 68 

Diesel Light Commercial 

Vehicles (1760–3500 kg) 
0.39 0.28 0.125 68 

Diesel Light Commercial 

Vehicles (3.5–12 tonnes) 
- 0.28 0.125 - 

 2005 2008 2013  

 
NOx 

[g/kWh] 

NOx 

[g/kWh] 

NOx 

[g/kWh] 
[%] 

Heavy–Duty Diesel Engines 3.5 2.0 0.4 89 

 Stage II Stage III B Stage IV Limit descent from 

Stage II to IV  2001/2/3/4 2011/12/13 2014 

 
NOx 

[g/kWh] 

NOx 

[g/kWh] 

NOx 

[g/kWh] 
[%] 

Non–road Diesel engines  

(130 ≤ P ≤ 560) 
6 2.0 0.4 93 

Non–road Diesel engines  

(75 ≤ P < 130) 
6 3.3 0.4 93 

Non–road Diesel engines  

(37 ≤ P < 75) 
7 3.3 0.4 94 

Non–road Diesel engines  

(18 ≤ P < 37) 
8 4.7(incl. HC) - - 

Table 1.2: NOx emissions standards for Diesel engines applied in EU. 
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At next, the current–future and previous NOx emissions limits which have been 

set from United States (US) Environmental Protection Agency (EPA) are presented in Table 

1.3 [50]. From Table 1.3 is also distinguishable the significant tightening of these limits. 

Engine Type 

Previous Current and Future Limit 

descent 

[%] 
NOx [g/kWh] Year NOx [g/kWh] 

Heavy–Duty Highway Compression-

Ignition Engines And Urban Buses 
2.98 2007+ 0.15 95 

Non–road Compression-Ignition En-

gines P≥560kW 
9.20 2015+ 3.50 62 

Non–road Compression-Ignition En-

gines P<560kW 
9.20 2015+ 0.40 96 

Non–road Compression-Ignition En-

gines P≥560kW (for generator sets) 
9.20 2011+ 0.67 93 

Locomotives (Line haul) 4.10 2015+ 0.97 76 

Locomotives (Switch) 3.73 2015+ 0.97 74 

Table 1.3: Previous and current–future NOx emissions limits for Diesel engines applied in US. 

Most of the developed countries have embedded the EU or US NOx emissions 

standards to their corresponding legislation or adopted quite similar regulations. Detailed 

description of these regulations can be found in Ref. [51] and at the corresponding agencies 

of each country. In the next section, a number of methods for the control of NOx emissions 

from Diesel engines are described. 

1.4 Methodologies for NOx  Emissions Abatement 

1.4.1  Introduction 

As already mentioned in section 1.3, in order to limit the adverse effects of NOx 

emissions on human health and environment, the legislation for the corresponding limits is 

becoming very strict. Since the internal combustion engine (ICE) is a major source of pollu-

tion, ICE industry has been compelled to take measures to control NOx emissions. For this 

reason, the ICE manufacturers and end–users are seeking for efficient methods to control 

NOx formation in order to comply with regulations and guarantee their presence in the market. 

Moreover, the control of NOx emissions for the in–service engines is imperative, especially 

in power generation and maritime industries, in order to avoid the very high fines and the 

substantial sanctions. The available methods to achieve the NOx control are divided into two 

main categories: in–cylinder emission control (primary methods – internal measures) and 

exhaust after–treatment (secondary methods). 
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1.4.2  Primary/In–Cylinder Measures for NOx  Control  

1.4.2.1  General Description of the In–Cylinder Methods for NOx  

Control  

The primary methods for NOx control promote NOx reduction inside the combus-

tion chamber via its formation mechanism. Their objective is to reduce flame temperature 

and oxygen availability which drive NOx formation, by controlling fuel–unburnt charge mix-

ing, unburnt charge composition, heat capacity and initial temperature, pressure and heat 

release evolution inside the combustion chamber. The most important of these methods are 

the following: 

 optimization of combustion chamber design [52], 

 exhaust gas recirculation (EGR), 

 direct water injection (DWI) in the combustion chamber, 

 water emulsification of the fuel, 

 humidification of scavenging air, 

 reduction of the air temperature at the start of compression via the Miller concept, 

 modification of fuel injection strategy (injection: timing, pressure, profile, pilot 

and post injection, low–temperature and premixed/homogeneous combustion 

concepts, etc.), 

 optimization of injector design, 

 optimization of valve design, timing and lift (i.e. internal EGR, variable valve 

timing (VVT) [53] and lift (VVL) – or actuation (VVA), camless valve trains [54], 

etc.) and 

 combination of the previous. 

These methods intent to achieve optimum NOx, soot (PM) and brake specific fuel consump-

tion (bsfc) trade–off. 

1.4.2.2  Fuel Injection Strategy for NO x Control  

The most common method used currently in large–scale Diesel engines, is the 

control of NOx by retarding the start of injection (SOI) using a variable injection timing sys-

tem (VIT) [55,56]. When fuel is injected late in the cycle, the combustion process is shifted 

later during expansion and hence lower in–cylinder pressure and thus temperature are devel-

oped during combustion and expansion. Hence less NOx amount is formed. On the other 

hand, bsfc and soot formation tend to increase. This problem is treated using common–rail 

fuel injection systems in combination with electronically controlled injectors (commonly in 

automotive engines but also in the new large–scale ones (RT–Flex [57,58])). These systems 

provide direct control of injection timing and injection rate profile and also the possibility 

for different injection pressures in the cycle (i.e. by using two rails in combination with two 

injectors in each cylinder). Thus the injection profile can be modified to reduce bsfc and 

control soot formation using e.g. post injection to enhance soot oxidation. Moreover, sophis-

ticated injection strategies using pilot, pulse or sequential injection [59,60,61] (see Fig. 1.9) 
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through single or multiple, advanced design, injectors can also contribute to NOx control 

accompanied with low bsfc penalty. 

 

Figure 1.9: Different fuel injection patterns for 

emission control optimization [61]. 

1.4.2.3  Valve Timing Strategy–Compression Control–Miller Cycle 

Concept for NO x Control  

Another concept to reduce bsfc while injection timing is retarded (to control NOx 

formation), is the use of increased effective compression ratio (i.e. decrease of cylinder clear-

ance volume, advance of exhaust valve closure (EVC) for uniflow 2–stroke, i.e. by using 

variable EVC [58]), intake valve closure (IVC) advance, namely as close as possible to the 

bottom dead center (BDC) (for 4–stroke) or/and increase of scavenging (boost) pressure, 

etc.). This preserves the highest possible useful work per cycle (p–V diagram enclosed area) 

but at the same time, the pressure rise introduced from combustion is lower and in combina-

tion with the lower residence time in the high temperature regimes, NOx formation decreases 

[62]. The last is schematically described in Fig. 1.10. In some modern engines, valve actua-

tion (timing or/and lift) can be electronically controlled (i.e. VVA), which provides the ability 

to vary the effective compression ratio and internal EGR rate according to the engine oper-

ating conditions, targeting to limit NOx emissions but preserve or improve the bsfc [54,62]. 

  

Figure 1.10: Increased effective compression ratio concept for 

reducing NOx formation [62]. 

A similar concept that aims to control NOx emissions, regarding 4–stroke Diesel 

engines, is the operation according to the Miller cycle, where, in general, the effective com-
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pression stoke is shorter compared to the power–stroke. According to a version of this con-

cept, the intake valve closes much earlier before the piston reaches bottom dead center 

(BDC). This causes an in–cylinder pressure drop as the piston continues downwards and 

hence the temperature of the trapped charge is reduced (Boyles and Charles' Law). This, also 

allows the use of a higher than normal pressure turbocharger and hence higher compression 

pressure that provides the potential for a retarded injection timing without deteriorating bsfc 

(see the previous scenario – Fig. 1.10) or/and even engine performance improvement. Alt-

hough the engine is still doing work as the piston is descending during the inlet stroke, there 

is a saving in work during the compression stroke and the maximum air temperature and 

pressure is reduced on compression. Therefore lower combustion pressure and temperature 

will occur and hence NOx formation is reduced while bsfc is not increased significantly 

[62,61]. It is noted that, a late intake valve closure version of the Miller concept also exists 

which can also achieve lower NOx and improved performance [63]. 

Likewise the Miller cycle, reduced scavenging air temperature leads to lower 

combustion temperature and thus lower NOx emissions, lower heat losses, better volumetric 

efficiency and increased performance. This can be achieved by making use of intercoolers, 

namely cooling of the supercharged intake air or with even more sophisticated supercharging 

using intermediate intercooling (i.e. 2–stage turbocharging [64,65]), etc. In Fig. 1.11 is de-

picted an application example of a 2–stage turbocharging concept: 

 

 

Figure 1.11: 2–stage turbocharging applied on a large–scale engine [65]. 

1.4.2.4  Temperature Control by using Water Injection for NO x Control  

Especially for large–scale DI Diesel engines, but also in the automotive sector, 

water is used to induce in–cylinder temperature reduction since it absorbs significant 

amounts of latent heat and increases the heat capacity of the in–cylinder charge. Water can 

be introduced in the cylinder through intake air by the use of humidification methods such 

as direct water injection in the intake duct (combustion air saturation system (CASS) [66], 
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scavenging air moistening (SAM) [67] and humid air motor (HAM) [68]). The aforemen-

tioned methods are depicted in Fig. 1.12: 

 

CASS [66] 

  

SAM [67] HAM [66] 

Figure 1.12: Humidification of intake air concepts. 

Other efficient methods are the direct water injection (DWI) [66,69] into the cyl-

inder, the use of water/fuel emulsion (WFE) [67,70,71] or a combination of these, namely 

stratified fuel water injection (SFWI) [72,73,74,75]. WFE and DWI place the water more 

directly in the combustion region, where it has maximum effect on NOx production. WFE 
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can reduce smoke, while humidification can increase smoke [59,61,76]. Some of the afore-

mentioned methods are depicted in Fig. 1.13: 

 

WFE [67] 

 

 

DWI [66] SFWI [75] 

Figure 1.13: Methods for direct entrance of water in the combustion chamber. 

1.4.2.5  Exhaust Gas Recirculation for NO x  Control  

EGR is the most effective and common primary method for NOx reduction in au-

tomotive engines [77], however in the near future, large–scale engine manufacturers [76] 

intent to adopt this method in order to comply with IMO Tier III standards [46]. The EGR 

system is described in general as a flow passage devised between the exhaust and the intake 

manifolds regulated with a throttling valve. 

In general, EGR provides to the combustion chamber additional CO2 and H2O 

vapor thus restricting the O2 and N2 fractions of the trapped charge. This, results in an in-

crease of charge heat capacity and thus the in–cylinder temperature drops (thermal effect). 

Moreover, the decrease of O2 availability causes deceleration of the mixing between O2 and 

fuel resulting in an extension of the flame region (i.e. expanding combustion). Due to this, 

the gas quantity that absorbs released heat increases, resulting in a lower flame temperature. 
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In addition, the lower O2 availability causes reduction of the oxygen partial pressure which 

has a restricting effect on the kinetics of the elementary NOx formation reactions (dilution 

effect). Furthermore, the recirculated CO2 and H2O vapor are dissociated during combustion 

by absorbing heat, since their dissociation reactions are endothermic, resulting in lower 

flame temperature (chemical effect) [78,79]. 

Three major types of EGR techniques exist [80], which are schematically depicted 

in Fig. 1.14: 

1. Low pressure EGR loop between the turbine outlet and the compressor inlet. 

2. High pressure EGR loop between the turbine inlet and compressor (or intercooler) 

outlet. 

3. Intermediate EGR loop between the turbine outlet and compressor (or intercooler) 

outlet where the pressure difference (pturb.-pcompr.>0) is controlled from an addi-

tional blower (or EGR pump). 

   

High pressure EGR loop Low pressure EGR loop Intermediate EGR loop 

Figure 1.14: Schematic description of the ERG establishments. 

The high pressure EGR is the most commonly used. In modern engines, the con-

trol of this system is closely tied to the variable geometry turbine (VGT) control [81]. 

Low pressure EGR requires special compressors and coolers because the respec-

tive common ones are not designed to endure high temperature operation and exhaust fouling. 

In order to reduce the initial temperature of the intake charge (air + EGR gas), which affects 

significantly the engine’s volumetric efficiency (decreases with temperature rise) and com-

pression temperature, hence combustion temperature and therefore NOx formation (increases 

with temperature), the EGR gas is cooled via a heat–exchanger (cooler) [82]. 

Nevertheless, in future/modern large–scale, 2–stroke Diesel engines, a high pres-

sure EGR loop will be used to limit NOx formation in conjunction with a SOx treatment using 

a scrubber system. The EGR system can be activated only in emission control areas (ECAs) 

where the limitations for NOx emissions will be stricter (as currently for SOx) as imposed 
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from Tier III. When EGR is on, an amount of the exhaust gas contained in the exhaust re-

ceiver, bypasses the turbine and passes sequentially through a pre–scrubber (cooling the ex-

haust gas), EGR cooler, main scrubber and water mist catcher (WMC). At last, the EGR gas 

is compressed and transferred into the scavenge air receiver where it meets the intercooled 

intake air derived from the compressor. Due to the nature of the scavenging process in 2–

stroke engines, the pressure in the exhaust receiver, namely before turbine inlet, is lower 

than the one of intake receiver, namely after compressor, and additionally, due to the pres-

sure drop resulted from the passing of the gas from the aforementioned devices, the pressure 

of EGR gas should be risen. This is accomplished by using an EGR blower. Turbocharger 

(TC) cut–out/bypass concepts are also used in order to fit the turbocharger map when the 

engine operates in EGR mode [67,83]. A schematic preview of the EGR scenario in large–

scale, 2–stroke Diesel engines, derived from Ref. [83], is depicted in Fig. 1.15: 

  

EGR system with T/C cut–out. EGR system with T/C bypass. 

Figure 1.15: Schematic description of the ERG concept in 2–stroke, large–scale .Diesel engines [83]. 

Another method, which combines DWI and internal EGR, is the water cooled re-

sidual gas (WaCoReG), used in slow–speed engines. Internal EGR is achieved by reducing 

the scavenging ports’ area, by using smaller turbocharges or/and by controlling the timing 

and lift of the exhaust valve (i.e. electronically controlled) in order to reduce the scavenging 

flow [60]. As already mentioned, EGR reduces NOx formation at source by reducing the in–

cylinder O2 availability and increasing the heat capacity of the charge. However, internal 

EGR results in an increase of engine’s thermal load. For this reason, water injection is ap-

plied to reduce the temperature levels, thereby keeping thermal loads much the same as when 

running without internal EGR [59].  

These methods, if applicable, are advantageous because they do not present the 

drawbacks of the after–treatment methods described in the next section 1.4.3. 
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1.4.3  Secondary/After–Treatment Methods for NOx  Control  

Secondary methods reduce NOx in the exhaust gas by downstream treatment (af-

ter–treatment methods). The most widely recognized after–treatment methods for tail–pipe 

NOx control are the following: 

1. Selective Catalytic Reduction (SCR). 

2. Lean NOx trap (LNT). 

1.4.3.1  Selective Catalytic Reduction 

The most applicable and successive method of after–treatment technology for 

Diesel engines NOx control is the Selective Catalytic Reduction (SCR), especially for large–

scale engines established on vessels and power plants (see Fig. 1.16) but also for heavy–duty 

engines on trucks, locomotives and non–road applications. Using this method, a NOx reduc-

tion of more than 90% can be achieved. In a high temperature SCR system, the exhaust gas, 

at a temperature between ~300 and 600°C [84], is mixed with a chemical reducing agent, 

commonly ammonia (NH3) in the form of a solution of urea (CO(NH2)2) in water. This in-

troduces single nitrogen (N) atom, creating a reducing atmosphere before passing through a 

special catalyst. The NOx is reduced to nitrogen (N2) and water (H2O). The main chemical 

reactions taking place inside the catalyst for the dissipation of NOx are shown in Eq. (1.12): 

4 ∙ 𝑁𝐻3 + 4 ∙ 𝑁𝑂 + 𝑂2 → 4 ∙ 𝑁2 + 6 ∙ 𝐻2𝑂 

2 ∙ 𝑁𝐻3 + 𝑁𝑂 + 𝑁𝑂2 → 2 ∙ 𝑁2 + 3 ∙ 𝐻2𝑂 

8 ∙ 𝑁𝐻3 + 6 ∙ 𝑁𝑂2 → 7 ∙ 𝑁2 + 12 ∙ 𝐻2𝑂 

(1.12) 

The catalyst core is often composed of a heat resistant ceramic honeycomb with 

a catalytically active material, such as metal oxide mixtures based on vanadium supported 

with titanium in anatase form and promoted with tungsten or molybdenum [84], dispersed 

on the catalyst’s surface. The contact surface of the catalyst and exhaust gas needs to be 
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extremely large in order for all the molecules of NOx and N to touch a catalytically active 

site [85]. 

 

Figure 1.16: Schematic description a SCR system established on a vessel [86]. 

The use of this SCR system is a common practice for NOx reduction in heavy–

duty truck DI Diesel engines and its implementation on light–duty engines has been initiated 

recently. In Fig. 1.17, is depicted a typical layout of an SCR system used in the automotive 

sector. 

 

Figure 1.17: Schematic description of the SCR system used in the 

automotive sector. 

For passenger cars and light–duty Diesels engines, recently, sophisticated SCR 

systems are employed which are compact and can operate in low temperatures (i.e. below 

300 °C) utilizing zeolite catalyst etc. [87,88,89]. 
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1.4.3.2  Lean NOx Trap 

The alternative of SCR for Diesel engines, is the use of lean NOx trap (LNT) which 

can achieve de–NOx efficiencies up to 70 – 80% [89]. 

The LNT uses a catalyst (i.e. platinum (Pt), barium (Ba) or rhodium (Rh)) that 

absorbs the NOx from exhaust gas storing it as solid state on its surface, operating as storage 

device during lean engine operation where O2 is in abundance. As the storage sites are oc-

cupied, the trap efficiency is progressively reduced, therefore requiring regeneration. Regen-

eration is typically accomplished by injecting additional fuel, producing a stream of reducing 

exhaust gases (i.e. deprived of oxygen and comprising high concentration of CO and un-

burned hydrocarbons), flowing through the converter. Under rich conditions, the stored NOx 

is released from the catalyst sites and catalytically reduced to N2. The accompanied products 

of these reactions are the CO2 and H2O [90]. In Fig. 1.18 is depicted a schematic description 

of LNT operation principle and a typical LNT system layout used in automotive engines. 

  

Figure 1.18: Schematic description of LNT operation principle (left) and a typical LNT system layout 

(right). Both images are derived from Ref. [87]. 

Nonetheless, the use of after–treatment techniques introduces two major disad-

vantages: 

1. High installation and operating cost. 

2. Significant space and weight penalty. 

Some other cons are the high pressure drop of exhaust gas introduced from the placement of 

the catalyst in the exhaust duct, the time requirement for the system heat–up, safety aspects 

such as the handling of ammonia (for SCR), recycling of used catalysts, etc. [85]. 

Thus, the industry of ICE manufacturers and end–users are focusing on the pri-

mary (in–cylinder) measures, which alone or combined, can provide adequate NOx decrease. 

However, when the NOx standards are extremely strict, the use of the secondary measures is 

inevitable. 

1.5 Motivation and Objective of the Present Dissertation 

Environment and human health and life quality are severely deteriorated due to 

emission of pollutants which are mainly caused from human activity. The major contributors 

to the atmosphere pollution are the power generation and transport sectors. Thus the govern-

ments of the developed countries have adopted strict regulations to mitigate pollution from 

these sources. One of the most affected industry from these regulations is the internal com-

bustion engine (ICE) industry. Hence, the ICE manufactures and end–users worldwide are 
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seeking for efficient methods to control pollutant emissions to comply with regulations in 

order to maintain their presence in the markets, avoid the substantial fines and sanctions and 

also to increase their competitiveness. 

The reciprocating engines and particularly the DI Diesel engines, occupy a great 

share of the ICE sector, since they are used widespread in passenger cars, automotive trans-

portation, locomotives, non–road applications, sea transportation (maritime) and for power 

generation as backup or emergency units and as major power generation units in distant areas 

(i.e. islands) which are not connected to the central grid. Thus, the Diesel engine sector pre-

sents great interest, especially regarding performance and emissions. Emissions legislation 

regulations for NOx emissions make the Diesel engine development and improvement even 

more challenging. 

There exist various solutions to achieve satisfactory performance and emissions 

trade–off, keeping exhaust emissions under the legislation limits. These solutions may in-

clude primary or secondary measures or a combination of both, as has already described in 

section 1.4. However, their development, evolution and application require extensive re-

search involving the use of both, computational and experimental techniques. The last, in 

many cases and especially for large–scale engines (due to their size), are very costly in 

money, time and labor. 

Simulation models can assist this effort by providing low cost, fast and reliable 

predictions. They can be utilized during engine development in design of experiment (DOE) 

methodologies, physical interpretation and direct oversight of the in–cylinder processes, op-

timization of the engine’s components design and operation characteristics. Moreover, they 

can be employed in real–time and closed–loop control and operation/optimization of the 

emission control techniques (primary and secondary (see section 1.4)). Also they can be used 

for on–board performance and emission monitoring, verification, completion of emission 

legislation transcripts/reports, etc. 

A variety of simulation models exists which can predict the performance and 

emissions of Diesel engines. These models are distinguished into three major categories: 

1. Three dimensional models (i.e. CDF, spray phenomenological models). 

2. Zero dimensional (i.e. physical–thermodynamic models). 

3. Statistical/empirical models. 

The most accurate and fundamental of the aforementioned models are the ones of 

the first category, namely, the multi–zone, 3D, phenomenological spray models and the CFD 

ones combined with detailed chemical kinetics schemes. Multi–zone, 3D, phenomenological 

models [91,92,93,94,95] simulate the fuel spray in the three dimensions by dividing the spray 

elements into zones of which their spatial location and evolution inside the combustion 

chamber are determined according to the injection and spray evolution and the considered 

spray pattern. On the other hand, CFD models [96,97,98,99,100] are characterized from their 

robust physical background and detailed space discretization (mesh). These models attempt 

to simulate the actual procedures taking place inside the cylinder providing detailed infor-

mation for the in–cylinder conditions spatially and temporally. Despite the reliable results 

that they can provide, both model types and especially the CFD ones, have significantly 

increased computational cost which is still a drawback for research and practical applications. 
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Additionally, they have relatively high complexity and sensitivity to the initial or boundary 

conditions and require significant effort for their calibration, which limits the possibility for 

their implementation on real–time (i.e. model–based control) or field applications. Moreover, 

both model types require an accurate injection profile to achieve meaningful results [95]. 

The last, for practical and filed applications is usually not available. 

The models of the second category make use of the basic thermodynamic lows 

and chemistry following a theoretical approach rather than a detailed spatial description of 

the combustion chamber events. These models do not present such high computational cost 

and complexity as the ones of the first category. Their philosophy is to divide the in–cylinder 

charge into zones. Thus, these models are divided into single–zone (homogeneous charge) 

[101,102,103,104], two–zone (bunt and unburnt zone) [105,106,107] and multi–zone (fur-

ther discretization of the charge) [108,109,110,111,112,113,114,115,116,117]. Single zone 

models are not appropriate for NOx emission prediction because they provide only the mean 

in–cylinder conditions. Hence, the inhomogeneity of the charge and distinguish in high tem-

perature regions, which determine the NOx formation locally, cannot be accounted for. The 

last can be compensated for by introducing empirical or semi–empirical/phenomenological 

concepts or by incorporating zero dimensional multi–zone models or both to simulate the 

charge temperature distribution inside the combustion chamber. 

Finally, the third category comprises models that make use of totally empirical 

correlations derived from experimental data processing [118,119,120]. Nevertheless, these 

statistical models require an extended experimental database for the reliable determination 

of their coefficients (i.e. calibration), but even in this case, they cannot reliably predict emis-

sions outside their calibration range due to the lack of physical base. On the other hand, these 

modes are very simple and provide directness (since they use actual engine operating data, 

e.g. from ECU and sensors) and very low computational cost and complexity. 

Considering the advantages and disadvantages of the models of the aforemen-

tioned categories and having in mind the low computational cost demand for real–time and 

practical applications, a new subcategory is emerged. This subcategory consists the semi–

empirical models [121,122,123,124,125,126]. These models combine the merits of the zero–

dimensional and empirical models. 
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In Fig. 1.19, a brief depiction of the categorization of the models used for the 

performance and emissions analysis is presented: 

  

Figure 1.19: Categorization of the models used for the performance and emissions analysis of Diesel 

engines. 

In order to enhance the predictive ability of the semi–empirical NOx predictive 

models, is required to include, as input data, actual characteristics of the in–cylinder pro-

cesses in model calculations. Towards this direction, many researchers have adopted the use 

of the measured in–cylinder pressure trace, on which the in–cylinder processes are directly 

or indirectly reflected. The following parameters contribute to the “shaping” of the pressure 

trace: 

 cylinder–combustion chamber geometry/design, 

 initial conditions of the charge (temperature, pressure, composition), 

 valve timing, 

 injection characteristics, 

 injection rate and strategy, 

 fuel quality and characteristics, etc. 

The contribution of the aforementioned parameters can be considered for implic-

itly via the measured cylinder pressure trace and HRR analysis, providing useful information 

for engine performance and pollutants formation at each instance during an engines cycle. 

Hence, the use of pressure trace for experimental and real–time applications adds to these 

models the potential to physically capture the in–cylinder processes. Additionally, on–

board/real–time measurement of in–cylinder pressure is now standard practice for large–

scale engines since it is used for fault detection and diagnosis. Currently on–line cylinder 

pressure measurement is possible and being applied (especially in large–scale engines). Also, 

as the cost of the pressure sensors is dropping, the in–cylinder pressure measurement will 

also be implemented in automotive sector as well, for real–time applications (i.e. closed–

loop control, cylinder pressure–based control and model–based control) 

[127,128,129,130,131,132,133]. However, even if direct measurement of the pressure trace 
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is not feasible, a calculated pressure trace may be used derived from a well validated, fast, 

single–zone model. 

Considering the following: 

 the requirement of the ICE industry for development and evolution of technolo-

gies/methodologies for NOx emissions control, 

 the continually stringent legislation for NOx emissions abatement, 

 the hazardous effects on the environment and human health, 

 the available technologies for emissions control, 

 the existing literature and projects for the control and improvement of these tech-

nologies using simulation models, 

 the potential of direct in–cylinder pressure acquisition and 

 the fact that NOx is one of the most important controlled pollutant of Diesel en-

gines, 

we were motivated to develop a simplified, semi–empirical, multi–zone, thermodynamic 

model for the estimation of NOx emissions and formation history in DI Diesel engines using 

the measured in–cylinder pressure trace and an empirical scenario for the determination of 

the zone equivalence ratio . The proposed model also aims to have a wide range of imple-

mentation regarding engine types (e.g. large–scale, automotive, etc.) and engine operating 

conditions/settings. 

Thus, the objective of the present dissertation is the development and evaluation 

of a fast and simplified NOx prediction model for DI Diesel engines targeting to the following: 

1. Reduction of research, design and experimental cost (time, money, labor). 

2. Contribution to the understanding/oversight of NO formation during the engine 

cycle and thus its effective control. 

3. Prediction of NOx emissions, for various engine types and operating parame-

ters/configuration. 

4. Real–time NOx monitoring and verification. 

The basic characteristics of the proposed simulation model are: 

1. Simple structure and simplified concept. 

2. Low computational cost. 

3. Strong physical background (thermodynamics, thermochemistry). 

4. Utilization of the measured pressure trace. 

5. Combination of the model with empirical/statistical additions for optimum results. 

6. Wide range of implementation with low calibration effort. 

7. Versatility of implementation (2 and 4–stroke, low and high speed engines, EGR, 

VIT, etc.). 

8. Low complexity and easy handling. 

In the next chapter (Chapter 2), a literature review of the existing models used for 

NOx emission prediction for Diesel engines is presented. The characteristics and rationale of 

some of these models were taken into account during the development of the proposed model, 

which is comprehensively described in Chapter 3.  
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Chapter 2 LITERATURE REVIEW – EXISTING 

MODELS FOR NOX PREDICTION 

2.1 Introduction 

In the present chapter, a literature review of NOx emissions models is presented. 

At first, some multi–zone, three–dimensional (3D), phenomenological models are described 

in section 2.2, intending to reveal their basic difference from the other types of models pre-

sented at next. The basic difference is the geometrical/spatial (i.e. 3D) consideration of the 

fuel spray and flame. These models are able to approach realistically the spray and flame 

evolution inside the combustion chamber and after calibration (e.g. matching of the calcu-

lated and measured compression and maximum combustion pressure), they can provide use-

ful information for the in–cylinder processes. The extracted information can be utilized for 

performance and emissions optimization. However, these models have a relatively high com-

putational cost and increased complexity but are considerably faster than CFD (computa-

tional fluid dynamics) ones. They are also more versatile than CFD when used in conjunction 

with other models e.g. turbocharging models etc., for instance in optimization investigations 

involving design of experiments (DOE) by using simulation models. 

To overcome the high computational cost and complexity issues, some research-

ers have developed simplest models than the aforementioned 3D, phenomenological ones, 

such as purely empirical/statistical, single–zone empirical and semi–empirical. Some indic-

ative models of this category are presented in section 2.3. These models are extremely fast 

and adequate for real–time/on–board and closed–loop control, however, due to lack of phys-

ical base, they are only valid inside their calibration range and for the specific application, 

namely for the engine type that they are designed for. 

In order to face the drawbacks of the aforementioned types of models and adopt 

their advantages, attempts have been made for the deployment of zero–dimensional, multi–

zone, semi–empirical/phenomenological, thermodynamic models, which are faster and less 

complicated than CFD and 3D phenomenological ones but more physically robust and with 

wider implementation range than empirical models. Some indicative models of this category 

are presented in section 2.4. 

Zero–dimensional, multi–zone, semi–empirical/phenomenological, thermody-

namic models are making use of at least two zones to simulate the in–cylinder processes. 

However, the discretization does not correspond to the geometrical, 3D modeling of the 

spray or of the space inside the combustion chamber, although it accounts for the imposed 

constrains from the engine cylinder geometry. Instead, the content of the cylinder is sepa-

rated into zones. The zones evolve inside the combustion chamber as the time elapses, ac-

cording to physical laws (e.g. thermodynamics, etc.) or phenomenological correlations. In 

addition, to improve their predictions, they utilize the measured or predicted in–cylinder 

pressure trace, heat release rate (HRR) analysis and empirical/statistical or semi–empirical 

correlations. 
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The use of the measured pressure trace or predicted pressure trace from a well 

validated model, accompanied with heat release rate (HRR) analysis, provide direct or indi-

rect information about the mechanisms and processes taking place inside the cylinder. This 

adds an immediacy and reliability to the model. Furthermore, the addition of empirical or 

semi–empirical concepts enables significant simplifications in the model without deteriorat-

ing its predictive abilities. Moreover, it allows the direct insertion of engine characteristics 

or/and engine operation parameters that cannot accounted for otherwise. Furthermore, it pro-

vides the potentials for model adjustment/regulation for a specific application. 

The aforementioned features provide to the zero–dimensional, multi–zone, semi–

empirical/phenomenological, thermodynamic models the ability to predict NOx emissions in 

a wide range of engine types, operating conditions and engine settings/adjustments. Addi-

tionally, due to their simple structure and physical base, they are very fast and reliable, mak-

ing them capable to be utilized in the research and applied/practical (e.g. model–based con-

trol, real–time monitoring/verification/diagnosis, etc.) field. 

Considering the potentials and the advantages of the lastly mentioned model cat-

egory, it was decided to develop a new, semi–empirical, multi–zone, thermodynamic model, 

which uses the measured in–cylinder pressure trace and is oriented for real–time applications. 

Among the new concept and characteristics of the proposed model, many features and inno-

vating ideas of the existing models, presented at the following sections (2.2–2.4), were 

adopted, evolved and combined to compose a new, reliable and fast NOx emissions model. 

The new model aims to overcome the introduced complexity from the use of phe-

nomenological concepts and thus minimize the calibration effort. But at the same time, aims 

to avoid the low versatility of the totally simplified/empirical models, targeting to a wide 

range of implementation regarding engine type and engine operating conditions. 

2.2 Multi–zone, Three–dimensional, Phenomenological 

Models 

2.2.1.1  Introduction 

The term detailed, multi–zone, 3D, phenomenological model, is attributed to the 

models that discretize, spatially and temporally the fuel spray (i.e. vaporization, air entrain-

ment, mixing, etc.) and combustion flame into zones. The zone evolution as crank angle (CA) 

time elapses during an engine cycle, is described from physical laws and phenomenological 

correlations. 

To calculate the HRR and local conditions (pressure, temperature chemical com-

position), the injected fuel is divided into packages (discreet volumes), called zones. During 

an engine cycle, the zones are evolving inside the cylinder, accounting for the geometry 

constrains, according to a geometrical spray pattern (spray cone 3D discretization). The de-

velopment of the spray and the evolution of the zones (thermochemical characteristics and 

interaction between them) as time elapses are determined by using: 

1. physical laws/principles, i.e.: 

 conservation of mass, 
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 conservation of energy 

 conservation of momentum, 

 ideal gas consideration, 

 chemical reactions, 

 etc. and 

2. semi–empirical/phenomenological correlations for: 

 spray characteristics such as spray brake–up length, angle and penetration, droplet 

size, vaporization rate, wall impingement, air entrainment rate, 

 intake flow from the valves or ports, 

 combustion mixture preparation, 

 ignition delay, 

 diffusion flame propagation and quenching, 

 swirl and squish flows of the charge, 

 reaction rates, 

 heat transfer, 

 mass transfer between the zones, 

 etc. 

From this approach, the performance characteristics (i.e. fuel consumption, power, etc.) and 

emissions (i.e. NOx, SOx, COx, HC, PM, etc.) can be estimated. At next, indicatively, two of 

these models are presented. 

2.2.1.2  Hiroyasu 3D Multi–Zone Phenomenological Model  

One of the most successful 3D, multi–zone, phenomenological model is the one 

developed from Hiroyasu et al [91,134]. This model concept is the base for the models of 

this category, some of which are currently used in commercial Diesel engine simulation tools 

like GT–Power [95]. Hiroyasu et al developed a model which consists a Heat Release Rate 

(HRR) sub–model and an emission formation sub–model. In the HR model, the fuel, which 

is injected through a nozzle, forms a spray with a conical 3D structure (see the right side of 

Fig. 2.1). The spray cone is divided into 250 packages (10 packages in the radial direction 

and 25 in the axial direction) [134] with the same fuel mass amount. It was assumed that 

there is no mixing between the packages. Spray impinging on walls and swirl are considered 

for. The air entrainment into the spray is given by the conservation of momentum and the 

spray behavior is determined by the experimental equation of spray penetration observed 

without combustion. Droplet evaporation, which is assumed to start immediately after injec-

tion, is also considered for. The HRR is calculated in each package and by summing up the 

HR from each package, the HR in the combustion chamber is obtained, from which is pos-

sible to calculate the average cylinder temperature and pressure. Heat transfer to the walls is 

also accounted for. A heterogeneous temperature field is assumed. The adiabatic flame tem-

perature TB(θa) is calculated assuming ideal combustion. After combustion, the temperature 

changes in each package following the isentropic compression/expansion process. The spe-

cies concentrations are calculated from the HR model. NO is formed via the extended Zeldo-

vich mechanism [28,29,30]. The NO concentration equation is integrated for each package 

from the start of combustion to a crank angle (CA) where reaction rates are so low that NO 

concentration (YNO) no longer changes. Finally, YNO is summed up over all the packages to 
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calculate the total NO formation. Soot formation is also modeled. The evolution of a mass 

package is depicted in left part of Fig. 2.1: 

  

Figure 2.1: A mass system package evolution at the left and the schematic diagram of the divided 

packages at the right [91]. 

Hiroyasu applied this model to optimize a DI Diesel engine regarding performance and emis-

sions [91,134]. The parameters optimized were the number of nozzle holes, the diameter of 

nozzle hole, diameter of toroidal, swirl ratio, clearance volume, intake valve closing timing, 

injection timing, injection duration and the exhaust valve opening timing. 

2.2.1.3  NTUA Multi–Zone three Dimensional Phenomenological Model 

Kouremenos, Rakopoulos and Hountalas, [135] developed a 3D, phenomenolog-

ical, multi–zone, spray model for the prediction of both performance and emissions regard-

ing Diesel engines. This model is a 3D, multi–zone one, where each zone has its own history 

of temperature, composition, etc. 

Hountalas et al [136] further developed and validated this model on various types 

of Diesel engines also including large–scale ones [94,137,138]. 

The conditions inside each zone are calculated by using the first thermodynamic 

law and the conservation equations for mass and momentum. The resulting fuel jet is divided 

into zones using a concentric consideration as shown in Fig. 2.2. The division of the fuel jet 

into zones is provided by such a model in the initial direction of the jet axis “x” and in the 

two dimensions normal to it, “r” and “z”. The number of axial zones is determined from the 

duration of the fuel injection period and the calculation time step used. The number of zones 
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in the radial and circumferential direction are chosen arbitrary intending to the optimum 

predictions quality–computational cost trade–off. 

 

 

Figure 2.2: Zone formation on the “r–z” plane normal to injection direction at left side and zone 

formation on the “x–r” plane at the right. Presently a number of five zones are used in the radial 

direction and eight in the circumferential direction [137]. 

The aforementioned model makes use of a number of sub–models to estimate 

performance and NOx emissions. For heat–transfer the Annand formula was used [139,140], 

where the characteristic velocity for the heat transfer calculations is obtained from the tur-

bulent kinetic energy viscous dissipation rate k~t model. The heat exchange rate is then 

distributed to the zones according to their mass, temperature and specific heat capacity. 

The spry model is based on model proposed by Amsden et al [141] and Nishida 

and Hiroyasu [142]. The fuel jet angle and the penetration of each zone inside the combus-

tion chamber are estimated using empirical correlations that provide the velocity along the 

spray axis and its radial component [141,143,144]. The effect of air swirl on zone velocity 

is also considered for using the approach described in Ref. [141]. From the previous consid-

erations in conjunction with the use of momentum and mass conservation, the position of 

each zone inside the combustion chamber is estimated. After wall impingement the wall jet 

theory of Glauert [144] is used to determine the jet history on the cylinder walls. 

The air entrainment rate into each zone is estimated from momentum conserva-

tion. The air–entrainment rate adjustment coefficient is used to adjust the overall air entrain-

ment rate and is determined by matching the calculated peak firing pressure value to the 

measured one. Inside each zone, the fuel is divided into packages (groups) where the droplets 

have the same Sauter Mean Diameter (SMD) which is calculated via a semi–empirical cor-

relation. The distribution of droplet diameter in the packages is given by a chi–squared dis-

tribution function [8]. For the evaporation process, the model of Borman and Johnson [145] 

is used. 
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Ignition delay of each spray element (i.e. zone) after its injection is also deter-

mined from a semi–empirical correlation [141]. The local combustion rate (𝑚̇𝑓𝑏) is derived 

using an Arrhenius type expression as described in Eq. (2.1): 

𝑚̇𝑓𝑏 = 𝐾𝑏 ∙ 𝐶𝑓
𝑎𝑓
∙ 𝐶𝑜
𝑎𝑜 ∙ 𝑒

−𝐸𝑐
𝑇 ∙

1

6 ∙ 𝑁
 (2.1) 

where Kb is a constant, Ec the reduced activation energy and Cf, Co the mass concentrations 

of fuel and oxygen respectively. 

The fuel injection mechanism is modeled as proposed in [8,146] but by adapting 

modifications when applied on marine 2–stroke engines. In the last case the following con-

trol volumes were considered: 

 high pressure pump chamber, 

 delivery valve chamber, 

 delivery pipe from pump to injector 

 and injector. 

The exhaust gas exchange between inlet and exhaust manifold and the cylinder, 

which determines the in–cylinder trapped mass, is model by the means of filling and empty-

ing technique. For the case of 2–stroke engines a scavenging model is used [146] accounting 

for short–circuiting [9] during scavenging. 

The NO formation is calculated in each zone via the extended Zeldovich mecha-

nism [29,30] and chemical kinetics, after the calculation of the chemical composition of each 

zone. The last is attained by using the combustion chemical reactions, fuel and charge com-

position, temperature, pressure and volume of the zone and also using a chemical dissocia-

tion scheme [147] to calculate the equilibrium concentrations [137]. 

2.3 Single–zone, Empirical and Semi–Empirical Models 

2.3.1.1  Introduction 

In this section, some of the existing simplified models for NOx prediction, which 

are reported in the literature, are presented indicatively for the sake of completeness. These 

models are very fast, however they require extended calibration to provide adequate predic-

tions, mostly in the range of their calibration range and for the engine type on which they 

were developed.  

Empirical and semi–empirical models make use of engine operating data such as 

in–cylinder pressure, temperature, intake air flow, fuel flow rate, engine speed, O2 in exhaust 

gas, etc. which can be derived directly from real–time measurement or from maps stored in 

engine’s electronic control unit (ECU). These parameters are correlated directly with tail 

pipe NOx emissions via empirical or semi–empirical correlations. 



Literature Review – Existing Models for NOx prediction 

45 

The simplest way to formulate a model, is to postulate an equation dependent on 

chosen parameters and then select the values of constants in the equation to fit experimental 

results. This kind of models are characterized as purely empirical. 

2.3.1.2  Callahan Empirical NOx  Model 

Callahan et al [148] developed an empirical emission model which accounts for 

the effects of transient operation. By using regression techniques they obtained the Eq. (2.2): 

where ci are the regression constants and xi are system parameters. The constants ci depend 

on the engine type and engine characteristics [149]. 

2.3.1.3  P–  Empirical Models for NO x at Flame Front 

Some researchers [150,151] used models of high pressure practical combustors 

for the calculation of NO at the flame front, relying on empirical correlations (f) which in-

volve equivalence ratio () and pressure (p) dependencies of flame–front NO. These models 

have the form described in Eq. (2.3) [39]: 

2.3.1.4  Gartner Semi–Empirical NOx Model 

Gartner et al [152], after an extensive investigation, concluded that the center of 

combustion (COC) (the crank angle where the 50% of the fuel has burnt) is a marker for the 

end of the thermal NO formation for an internal combustion engine (ICE). They also stated 

that the NOx mass that is formed until the COC correlates well with the engine tail–pipe NOx 

emissions level and that its quantitative level depends primarily on the position of the COC 

to top dead center (TDC). The proposed methodology also introduces the effect of the in–

cylinder charge mass and the mass of O2. NOx emissions are estimated through a linear em-

pirical correlation described in Eq. (2.4): 

where NOx is calculated as the ratio of its mass and fuel mass [g/Kg], COC is in [°CA] after 

TDC, mcyl and mO2 are the in–cylinder air and oxygen mass respectively per cycle and dis-

placed volume and c0, c1, c2, c3 are model coefficients. The COC was derived from HR anal-

ysis using the measured pressure trace. The above correlation (Eq. (2.4)) was validated on 

920 experimental points on various heavy–duty Diesel engines. 

𝐸𝑚𝑖𝑠𝑠𝑖𝑜𝑛 =∏𝑒𝑥𝑝⁡(𝑐𝑖 ∙ 𝑥𝑖)

14

𝑖=0

 (2.2) 

(𝑁𝑂)𝑓𝑙𝑚𝑒−𝑓𝑟𝑜𝑛𝑡 = 𝑓(Φ) ∙ 𝑝
1
2 ∙ (𝑁𝑂)𝑒𝑞𝑢𝑖𝑙. (2.3) 

𝑙𝑜𝑔(𝑁𝑂𝑥) = 𝑐0 + 𝑐1 ∙ 𝐶𝑂𝐶 + 𝑐2 ∙ 𝑚𝑐𝑦𝑙 + 𝑐3 ∙ 𝑚𝑂2 (2.4) 
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2.3.1.5  Wu and Peterson Semi–Empirical NOx Model 

Wu and Peterson [153] developed a model which requires the following inputs to 

evaluate the NO emission index, EINO (EINO is defined as g NO/kg fuel): 

 in–cylinder temperature, 

 fuel burning rate, 

 engine speed, 

 start of combustion (SOC) and 

 end of combustion (EOC). 

In the specific model, is assumed that the mass of NO formed can be evaluated 

from the following correlation: 

where d[NO]/dt is the rate of NO formation, τm is the mixing time scale, t is the time, Vb is 

the volume of the burned gases and kf is the forward reaction rate constant assuming the 

reverse reactions to be negligible and [N] to be at steady state. During the mixing time τm, 

turbulent mixing causes the temperature of the burnt gases to decrease and the radicals in-

volved in NO formation to recombine. They assumed that 2 ∙ 𝑘1𝑓 ∙ [𝑂] ∙ 𝑑𝑉𝑏~𝑒
−𝐸

𝑅∙𝑇 ∙ 𝑑𝑚𝑓 

(dmf is the mass of fuel), uniform temperature (T) in dVb and τm inversely proportional with 

engine speed (N) [154], thus they obtained the following: 

where E is the overall activation energy which is a model’s parameter, dFf/dθ is the specific 

fuel burning rate, Nref is a reference engine speed and θ is the crank angle. The inner integral 

accounts for the turbulent mixing process and the outer for the coupling between the tem-

perature history and the fuel burning rate. 

The plausibility of assuming uniform temperature in dVb was validated by calcu-

lating flame temperatures in ideal mixing models [155]. The calculations differed by roughly 

+100 K which was the same as the uncertainty in the experiments that they performed. If the 

𝑑𝑚𝑁𝑂 = 𝑀𝑊𝑁𝑂 ∙ ∫
𝑑[𝑁𝑂]

𝑑𝑡
∙ 𝑑𝑡 ∙ 𝑑𝑉𝑏

𝜏𝑚

0

 

𝑑[𝑁𝑂]

𝑑𝑡
= 2 ∙ 𝑘𝑓 ∙ [𝑁2] ∙ [𝑂] 

𝑁 + 𝑂2
𝑘𝑓
↔𝑁𝑂 + 𝑂 

(2.5) 

𝐸𝐼𝑁𝑂~∫ ∫ 𝑒𝑥𝑝 (
−𝐸

𝑅 ∙ 𝑇
) ∙ 𝑑𝑡 ∙

𝑑𝐹𝑓

𝑑𝜗

𝜏𝑚

0

𝜗𝐸𝑂𝐶

𝜗𝑆𝑂𝐶

∙ 𝑑𝜗 

𝜏𝑚 = (
𝑁𝑟𝑒𝑓

𝑁
)

2
3
⁡𝑜𝑟⁡1

 

(2.6) 
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temperature is assumed to be constant during combustion (i.e. characteristic temperature (T*)) 

then the Eq. (2.6) is reduced to the following simplified correlation [149,153]: 

2.3.1.6  Miller Empirical NOx  Model  

Some researchers, use empirical interventions to achieve better NO predictions. 

For instance, Miller et al [41], to deal with the NO levels overestimation from their model, 

which was more than 20%, incorporated an empirical parametric variation of the reaction 

𝑁 + 𝑂2
𝑘1
↔𝑁𝑂 + 𝑂 by modifying the reaction rate constant k1 with a pressure coefficient as 

follows: 

where Cp is a function of the instantaneous in–cylinder pressure (p) in atmospheres. They 

found that this modification, decreases the reaction rate by factor of five, producing accurate 

NO predictions as a function of load [41,156]. 

2.3.1.7  Park Semi–Empirical, Real–Time NOx  Model 

Park et al [126] developed a semi–empirical, real–time NO prediction model 

which makes use of the measured in–cylinder pressure and data from engine ECU. They 

used a CFD model (Star–CD [157]) to validate their model. To avoid the calculation of the 

total amount of NO by integration of the instantaneous NO formation rate 
𝑑[𝑁𝑂]

𝑑𝑡
, which re-

quires the calculation of temperature and O2 and N2 concentrations at every step, they used 

the average NO formation rate multiplied by the NO formation duration inside an engine 

cycle as described in Eq. (2.9): 

[𝑁𝑂] = ∫
𝑑[𝑁𝑂]

𝑑𝑡
∙ 𝑑𝑡 ≈ (

𝑑[𝑁𝑂]

𝑑𝑡
)
𝑎𝑣𝑒𝑟

∙ (𝑑𝑢𝑟𝑎𝑡𝑖𝑜𝑛) (2.9) 

Their investigation revealed that the maximum NO formation rate is directly pro-

portional to the average NO formation rate. Therefore, the maximum NO formation rate is 

used as a representative value of the averaged NO formation rate, which is given in a sim-

plified Zeldovich form [8] from Eq. (2.10): 

For the determination of NO formation duration (see Eq. (2.9)), the authors’ in-

vestigation revealed that the CA time step where the 20% and 90% of total NO is formed, 

should be chosen as the start and end points of the NO formation process during an engine 

cycle, because they can be determined easier than the corresponding 0% and 100%. The 

𝐸𝐼𝑁𝑂~(
𝑁𝑟𝑒𝑓

𝑁
)

2
3
⁡𝑜𝑟⁡1

∙ 𝑒𝑥𝑝 (
−𝐸

𝑅 ∙ 𝑇∗
) (2.7) 

𝑘1 = 𝐶𝑝(𝑝) ∙ 1.8 × 10
14 ∙ 𝑒𝑥𝑝(−38370/𝑇) (2.8) 

(
𝑑[𝑁𝑂]

𝑑𝑡
)
𝑎𝑣𝑒𝑟

~(
𝑑[𝑁𝑂]

𝑑𝑡
)

𝑚𝑎𝑥

=
𝐴

𝑇𝑚𝑎𝑥
1/2

∙ 𝑒
−
69090
𝑇𝑚𝑎𝑥 ∙ [𝑂2]𝑚𝑎𝑥

1/2
∙ [𝑁2]𝑚𝑎𝑥 

(2.10) 
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difference between the total amount of NO formed (0–100%) and the NO amount formed in 

the CA interval which is defined from the CAs where the 20% and 90% of total formed NO 

occurs, is compensated using the empirical constant A in Eq. (2.10). 

In order to determine this CA interval, the authors connected the NO formation 

initiation (i.e. 20% of total NO) and completion (i.e. 90% of total NO) CAs with the fuel 

mass fraction burned (MFB) at these CAs. The MFB is obtained from the integration of the 

HRR, which is calculated using the in–cylinder pressure. The matching between NO for-

mation and MFB indicated that the CA where the 40% of the fuel is burnt matches with the 

CA where the 20% of the total formed NO and the CA where the 80% of the fuel is burnt 

matches with the CA where the 90% of the total formed NO. Thus the NO duration term of 

Eq. (2.9) is calculated directly from the HRR. 

Maximum temperature (Tmax), O2 and N2 concentrations, and constant A are re-

quired to predict the maximum NO formation rate according to Eq. (2.10). These inputs are 

calculated using the available ECU data and in–cylinder pressure. To calculate the Tmax, the 

adiabatic flame temperature (Tad) was calculated at first, from a second–order formula de-

scribed in Eq. (2.11), which was derived from the available database (130 simulation results 

under various AF, EGR and initial temperature conditions) by using the Chemkin–III soft-

ware [158]. 

In the previous relation, TSOC is the temperature at the start of combustion (SOC) calculated 

from ideal gas state equation, data from ECU and measured in–cylinder pressure. Then the 

Tmax is calculated assuming isentropic compression (γ=const=1.3) and using the measured 

pressure at SOC (pSOC), maximum in–cylinder pressure (pmax) and the calculated Tad. This 

calculation is given from Eq. (2.12): 

The model validation indicated that is able to adequately predict NO for various 

EGR rates and injection timings. It also provided satisfactory results when applied on the 

new European driving cycle (NEDC). 

2.3.1.8  D’Ambrosio Control–Oriented, Semi–Empirical NOx  Model  

D’Ambrosio et al [159] developed a fast, control–oriented, semi–empirical model 

that is capable of predicting NOx emissions in Diesel engines under steady state and transient 

conditions. The model takes into account the maximum in–cylinder burned gas temperature 

𝑇𝑎𝑑 = (5.7401 ∙ [𝑂2]
2 − 4.6043 ∙ [𝑂2] + 1.2616) ∙ 𝑇𝑆𝑂𝐶

+ (−22072 ∙ [𝑂2]
2 + 16718 ∙ [𝑂2] − 30276) 

(2.11) 

𝑇𝑚𝑎𝑥 = 𝑇𝑎𝑑 ∙ (
𝑝𝑚𝑎𝑥
𝑝𝑆𝑂𝐶

)

𝛾−1
𝛾

 (2.12) 
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of the main combustion (i.e. the one resulted from the main injection), ambient gas to fuel 

ratio, mass of injected fuel, engine speed and injection pressure.  

The authors considered the following effects on NO formation: 

 the exponential temperature (T) dependence proposed from the extended Zeldo-

vich mechanism, 

 the effect of O2 and N2 availability which are functions of the mass of the un-

burned gas that participates in diffusive combustion, which is in turn proportional 

to the mass of injected fuel (mfuel) and to unburnt ambient gas to fuel ratio (𝛼𝑠𝑡
𝑢 ), 

 the effect of diffusive combustion dilution with the surrounding charge and the 

re–entrainment of the hot gases into the jet, which are functions of in–cylinder 

turbulence and injected fuel velocity which are in turn a function of injection pres-

sure (pf) and engine speed (N) and 

 the effect of atomization and fuel/air mixing which are also largely depended on 

pf. 

Accounting for the aforementioned effects, the authors proposed the semi–empir-

ical correlation described in Eq. (2.13), which provides the mass of NO formed during an 

engine cycle. They also observed that the gas temperature of the burned gas, used for the 

NOx correlation, should be the maximum one during the burning of the main injection 

(Tbmax,main). 

In the previous correlations, K, K1–K5 are tuning factors, Xr,tot the total EGR and residual gas 

fraction and λ the global relative air to fuel ratio. The parameters: Xr,tot, λ, mfuel, pf and N are 

obtained from engine’s ECU. The Tbmax,main was evaluated using a three–zone thermody-

namic model which makes use of the measured in–cylinder pressure, developed previously 

from the authors [116]. However, when cylinder pressure measurement is not available and 

hence the use of the three–zone thermodynamic model is not feasible, the authors used the 

following two simplified correlations for Tbmax,main (see Eq. (2.14)). These correlations were 

𝑚̇𝑁𝑂𝑥 = 𝐾 ∙ 𝑒
𝐾1

𝑇𝑏𝑚𝑎𝑥,𝑚𝑎𝑖𝑛 ∙ (𝑎𝑠𝑡
𝑢 )𝐾2 ∙ (𝑚̇𝑓𝑢𝑒𝑙)

𝐾3
∙ (𝑁)𝐾4 ∙ (𝑝𝑓)

𝐾5
 

𝑎𝑠𝑡
𝑢 = 132.08 ∙ (

𝑋𝑟,𝑡𝑜𝑡
𝜆
)
4

− 78.471 ∙ (
𝑋𝑟,𝑡𝑜𝑡
𝜆
)
3

+ 38.115 ∙ (
𝑋𝑟,𝑡𝑜𝑡
𝜆
)
2

+ 

13.695 ∙
𝑋𝑟,𝑡𝑜𝑡
𝜆
+ 14.379 

(2.13) 
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derived from a statistical analysis investigation conducted on various experimental test cases 

by implementing the three–zone thermodynamic model. 

In the previous expressions m represent the polytropic index, V is the cylinder volume and 

the subscripts BDC, SOImain and int denotes the bottom dead center, start of main injection 

and intake manifold respectively. The calculation of the temperature [K] at SOImain, which 

is according to polytropic compression, takes into account the effect of the engine compres-

sion ratio on the charge temperature. The use of 𝑎𝑠𝑡
𝑢  is related to the in–cylinder oxygen 

concentration. The fuel mass flow (𝑚̇𝑓𝑢𝑒𝑙 [g/cyc/cyl]) and engine speed (N [rpm]) are used 

because they can be related to the heat transfer effects, which are dependent from engine 

load and speed. 

The model was validated and evaluated on a DI Diesel engine using both, indirect 

and direct acting piezoelectric injection systems [160], on the urban and extra–urban phases 

of the new European driving cycle (NEDC). A good agreement was found between the pre-

dicted and experimental values of the instantaneous and cumulated mass NO emissions. The 

model’s calculation time is of the order of some tens of a microsecond when the elaboration 

is performed on a Pentium D PC. 

2.3.1.9  Asprion Empirical–Phenomenological NO x  Model 

An interesting prospective is the combination of empirical and phenomenological 

models for NOx prediction to comply with typical requirements of computationally demand-

ing fields such as engine dynamic optimization and model–based control applications, able 

to provide adequate NOx predictions during transients. 

Asprion et al [122,123] developed such a model and validated it using data from 

three different engines. For the development and validation, the required intermediate quan-

tities (i.e. SOC, pSOC, TSOC [122]) were obtained from the measured in–cylinder pressure. 

Their model is characterized by a physical base, empirical correlations derived from exper-

imental data and the use of a set–point relative formulation. This formulation, which com-

prises one map and 10 scalar parameters, is used to simplify the model’s structure and im-

prove the extracted results qualitatively. Moreover, this model makes use of a single repre-

sentative package, instead of adopting a multi–package scenario, which attempts to capture 

the spatial and temporal distribution of temperature inside the combustion chamber. This is 

justified from the authors who postulate that the temperature and composition profiles of the 

multiple packages are similar [120]. 

𝑇𝑏𝑚𝑎𝑥,𝑚𝑎𝑖𝑛 = 

1832.8 ∙ (𝑚̇𝑓𝑢𝑒𝑙)
0.0165

∙ (𝑁)−0.0080 ∙ (𝑇𝑆𝑂𝐼𝑚𝑎𝑖𝑛)
0.2688 ∙ (𝑎𝑠𝑡

𝑢 )−0.4950 

𝑇𝑆𝑂𝐼𝑚𝑎𝑖𝑛 = 𝑇𝑖𝑛𝑡 (
𝑉𝐵𝐷𝐶
𝑉𝑆𝑂𝐼𝑚𝑎𝑖𝑛

)
𝑚−1

 

or 

𝑇𝑏𝑚𝑎𝑥,𝑚𝑎𝑖𝑛 = 7031.2 ∙ (𝑝𝑖𝑛𝑡)
0.1160 ∙ (𝑇𝑖𝑛𝑡)

−0.3069 ∙ (𝑎𝑠𝑡
𝑢 )0.2133 

(2.14) 
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This model requires as inputs the following parameters: 

 engine speed, 

 injected fuel mass, 

 cylinder trapped mass and its composition and 

 SOC event and the corresponding pressure and temperature. 

The latest can either be obtained from measured in–cylinder pressure trace or may be calcu-

lated from quantities provided by a sub–model for the air path of the engine. 

As mentioned, their model was used for engine dynamic control optimization 

[123]. The control parameters used for this procedure are the following: 

 boost level (controlled by a variable–geometry turbine), 

 combustion timing and 

 common–rail pressure. 

The specific model aims to predict the effect of these parameters on NOx emissions. Addi-

tionally, the effect of the external EGR is inherently accounted for, since the model is sensi-

tive to the gas composition. 

For NOx formation the single global reaction described in Eq. (2.15) was used 

NOx formation rate, i.e. the net reaction rate multiplied with the volume partici-

pating in the reaction, is integrated over one combustion cycle, yielding the amount of NOx 

produced, as described in Eq. (2.16): 

where 𝑛𝑁𝑂𝑥 is the number of moles of NOx, 𝑟𝑓𝑤 and 𝑟𝑏𝑤 are the forward and backward reac-

tion rates respectively, T is the temperature, θ is the crank angle, Vreac is the reacting volume 

and Neng is the engine speed which is finally omitted since it eventually cancels in the set–

point relative formulation. After some mathematical processing and by introducing some 

assumptions and in conjunction with the set–point map, they ended up to the following cor-

relation: 

1

2
∙ 𝑁2 +

𝑥

2
∙ 𝑂2 ↔ (2 − 𝑥) ∙ 𝑁𝑂 + (𝑥 − 1) ∙ 𝑁𝑂2 ≡ 𝑁𝑂𝑥 

𝑟𝑓𝑤 = 𝑘𝑓𝑤(𝑇) ∙ [𝑁2]
1
2 ∙ [𝑂2]

𝑥
2 

𝑟𝑏𝑤 = 𝑘𝑏𝑤(𝑇) ∙ [𝑁𝑂𝑥]⁡ 

(2.15) 

𝑛𝑁𝑂𝑥
6 ∙ 𝑁𝑒𝑛𝑔

= ∫ 𝑉𝑟𝑒𝑎𝑐(𝜃)
𝜃𝐸𝑉𝑂

𝜃𝑆𝑂𝐶

∙ (𝑟𝑓𝑤(𝜃) − 𝑟𝑏𝑤(𝜃)) ∙ 𝑑𝜃 (2.16) 

𝑛̃𝑁𝑂𝑥,𝑓𝑤 = 𝑉̃𝑟𝑒𝑎𝑐 ∙ ∫ 𝑘𝑓𝑤(𝑇) ∙ 𝑑𝜃
𝜃𝑆𝑂𝐶+30

°

𝜃𝑆𝑂𝐶

 (2.17) 
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The temperature used in the previous correlation (Eq. (2.17)) is the temperature 

of the single representative package. Its initial value is chosen to be the adiabatic flame tem-

perature. The evolution of this temperature is defined throughout the cycle from the follow-

ing effects: 

 compression and expansion of the cylinder charge and 

 heat losses from the formation zone to the cooler surrounding gas. 

The polytropic compression and expansion assumption was adopted, whereas the 

latter is expressed by a temperature reduction due to heat–losses. The reacting volume (𝑉̃𝑟𝑒𝑎𝑐) 

is defined from a semi–empirical correlation based on spray theory: 

where prail is the rail pressure during injection, pcyl is the in–cylinder pressure, mf is the fuel 

mass injected and kp, kv,0 and kv,1 are model parameters. 

Execution speed is roughly 500 times faster than real–time and throughout the 

entire engine operating range, also during transient operation, relative errors are below 10% 

even for the largest allowable, simultaneous variation of all inputs. 

2.3.1.10  Timoney Semi–Empirical NO x Model  

Timoney et al [160] developed a semi–empirical model for NOx emissions, based 

on the instantaneous in–cylinder pressure by combining fundamental thermodynamic prin-

ciples and key empirical constants which have been derived using statistical techniques. The 

validation of the model was relied on the availability of an extensive bank of experimental 

data from three different designs DI Diesel engine, each utilizing common rail fuel injection 

systems and in some cases, with the use of multiple injections per cycle. 

This model employs the rate of fuel mass burned, adiabatic temperature and 

chemistry of NOx formation. Simplified calculations, based on these three factors, derived 

from the in–cylinder pressure trace, result in reduced computational time for the final NOx 

model. For the rate of NOx formation a simplified Zeldovich mechanism scheme is used: 

where d[NO]/dt is the molar rate of NOx formation, T is the local temperature, Ea is the 

activation energy and [N2]e and [O2]e are equilibrium concentrations of nitrogen and oxygen 

respectively in a mixture of gases dissociated at high temperatures. The authors accounted 

𝑉̃𝑟𝑒𝑎𝑐 = [𝑝𝑟𝑎𝑖𝑙 − (𝑝𝑐𝑦𝑙(𝜃𝑆𝑂𝐶) + 𝑘𝑝 ∙ 𝑚𝑓)]
𝑘𝑣

 

𝑘𝑣 = 𝑘𝑣,0 +𝑁𝑒𝑛𝑔 ∙ 𝑚𝑓
0.25 

(2.18) 

𝑁2 +𝑂2 ↔ 2 ∙ 𝑁𝑂 

𝑂2 ↔ 2 ∙ 𝑂 

𝑑𝑁

𝑑𝑡
≅ 0 

𝑑[𝑁𝑂]

𝑑𝑡
=
𝑐𝑜𝑛𝑠𝑡.

𝑇1/2
∙ 𝑒𝑥𝑝 (

−𝐸𝑎
𝑇
) ∙ [𝑁2]𝑒 ∙ [𝑂2]𝑒

0.5 

(2.19) 
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for the most important NOx formation processes occurring at the flame front during diffusion 

combustion. Thus only this aspect was modeled avoiding the approximation of unknown 

local data for the post–flame zone. 

The adiabatic flame temperature was incorporated as the characteristic tempera-

ture in Eq. (2.19). The concentrations of N2 and O2 were taken assuming stoichiometric con-

ditions at the flame front. The equilibrium concentration of O2 and N2 were therefore defined 

as admission values and it was assumed that there was no internal EGR in the combustion 

chamber. This is consistent with the assumptions made in the calculation of the adiabatic 

flame temperature. 

The angular resolution (NSTEP) was 0.5 crank angle degrees (ΔCAD). The vol-

ume associated with the current increase of NOx formation in the model is the incremental 

volume ΔVb associated with the current flame front. This was related to the increase of mass 

burned (ΔFMB) during the angular interval, comprised of burned fuel, which is derived from 

the experimental HRR and stoichiometric air, using the ideal gas law. The estimated total 

NOx formed during the entire diffusion combustion process is then computed by the follow-

ing integral: 

where N is the engine speed [rpm] and P the measured in–cylinder pressure. 

Afterwards, the authors used the estimations (𝐼𝑒𝑁𝑂𝑥) from Eq. (2.20) and corre-

late them with the measured NOx (𝐼𝑁𝑂𝑥) values via statistical analysis, from which the fol-

lowing semi–empirical correlation was emerged: 

𝑙𝑛(𝐼𝑁𝑂𝑥) = 𝑐0 + 𝑐1 ∙ 𝑙𝑛(𝐹𝐴𝐸𝑅) + 𝑐2 ∙ 𝑙𝑛(𝑁) + 

+𝑐3 ∙ 𝑙𝑛 (𝐼𝑒𝑁𝑂𝑥) + 𝑐4 ∙ [𝑙𝑛(𝑁)]
2 + 𝑐5 ∙ [𝑙𝑛 (𝐼𝑒𝑁𝑂𝑥)]

2

 
(2.21) 

where c0 – c5 are model constants derived from statistical software to fit the experimental 

data. These constants change with the engine type. 

This model was tested and validated on a light–duty and a heavy–duty Diesel 

engine, operating over a wide variety of engine conditions. The results of both analyses are 

seen to fall on a common linear trend when the semi–empirical correlation is applied. Also, 

adequate agreement between observed ln(INOx) data and predicted values in all cases have 

been attained. 

𝑒𝑁𝑂𝑥(𝑘𝑚𝑜𝑙) = 𝑐𝑜𝑛𝑠𝑡.∙ ∑
𝑒𝑥𝑝 (

−𝐸𝑎
𝑇
) ∙ [𝑁2]𝑒 ∙ [𝑂2]𝑒

0.5 ∙
𝑅𝑢 ∙ 𝑇𝑎𝑑

1
2

𝑃 ∙ 𝑀𝑊𝑏
∙

∙ (1 +
1

𝑆𝐹𝐴𝑅
) ∙ ∆𝐹𝑀𝐵 ∙

∆𝐶𝐴𝐷

6 ∙ 𝑁 ∙ 𝑁𝑆𝑇𝐸𝑃

𝐸𝑂𝐶

𝐶𝐴𝐷=𝑆𝑂𝐶

 

𝐼𝑒𝑁𝑂𝑥 (
𝑔⁡𝑁𝑂𝑥
𝐾𝑔⁡𝑓𝑢𝑒𝑙

) =
𝑀𝑊𝑁𝑂𝑥 ∙ 𝑒𝑁𝑂𝑥 × 1000

𝑀𝑓
 

(2.20) 
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2.3.1.11  Guardiola Engine Control Oriented NO x  Model 

Guardiola et al [125] developed a fast NOx predictive model oriented for engine 

control in Diesel engines, which uses the in–cylinder pressure trace as the only instantaneous 

input signal required, along with several mean variables that are available from the ECU (air 

mass flow, injected fuel mass, etc.) during normal engine operation. This model is based on 

the instantaneous evolution of the heat release rate (HRR) and the adiabatic flame tempera-

ture. The NOx reduction due to the re–burning mechanism, which is schematically described 

in Fig. 2.3, is also accounted for. 

  

Figure 2.3: Theoretical re-burning scheme [125]. 

The basic model is based on the one presented by Arrègle et al [121] which, in 

order to increase its reliability and accuracy, has been modified with an improved heat re-

lease calculation. This model is based on the Zeldovich thermal NOx mechanism. NOx are 

initially calculated from a base model [121] as described in Eq. (2.22): 

where mNOx,base is the total predicted NOx per cycle, n is the engine speed and K1, K2 and K3 

are constants that have to be experimentally fitted, dQb is the HRR determined from the 

measured in–cylinder pressure and mean variables, Tad is the adiabatic flame temperature 

during diffusion flame and θ is the crank angle. The adiabatic flame temperature diffusion 

flame is determined from the following set of equations: 

𝑚𝑁𝑂𝑥,𝑏𝑎𝑠𝑒 = ∫𝑑𝑄𝑏(𝜃) ∙ 𝐾1 ∙ (
𝑛

2000
)
𝐾2

∙ 𝑒
(
𝐾3

𝑇𝑎𝑑(𝜃)
)
∙ 𝑑𝜃 (2.22) 

𝑇𝑎𝑑 = 𝑇𝑢𝑏 + ∆𝑇𝑛𝑑(𝑎) + ∆𝑇𝑑𝑖𝑠𝑠(𝑎) 

∆𝑇𝑛𝑑(𝑎) = 37630.5 ∙ (
𝑦𝑂2(𝑎)

3.48 ∙ 𝐹𝑟
) 

𝑖𝑓⁡𝑇𝑢𝑏 + ∆𝑇𝑛𝑑(𝑎) < 2600𝐾⁡𝑡ℎ𝑒𝑛⁡∆𝑇𝑑𝑖𝑠𝑠(𝑎)

= 1.554 × 10−7 ∙ (𝑇𝑢𝑏 + ∆𝑇𝑛𝑑(𝑎))
2.677

 

𝑖𝑓⁡𝑇𝑢𝑏 + ∆𝑇𝑛𝑑(𝑎) > 2600𝐾⁡𝑡ℎ𝑒𝑛⁡∆𝑇𝑑𝑖𝑠𝑠(𝑎)

= 7.136 × 10−10 ∙ (𝑇𝑢𝑏 + ∆𝑇𝑛𝑑(𝑎))
3.36

 

(2.23) 
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In the previous expressions, yO2 and Tub are the O2 mass fraction at intake valve closure (IVC) 

and unburned gas temperature evolution along the cycle (calculated) respectively, ΔTnd 

(non–dissociated species) is the shift in the temperature due to the heat release during the 

combustion and ΔTdiss is the correction due to dissociation of species. This model also takes 

into account the NOx reduction mechanism as proposed by Dec [15] (see Fig. 2.3). The per-

centage of NOx disappearance depends on the local temperature and composition as well as 

on the residence time at high temperature regions and is strongly linked to the mixing rate 

of the combustion products [161]. Finally the reduced NOx,re due to the re–burning mecha-

nism is calculated from Eq. (2.24): 

where mNOx,comb = mNOx,base is the NOx mass produced at the current combustion time instance, 

ma, mf and mEGR are the fresh air, fuel and EGR mass respectively, Fr is the fuel–air equiva-

lence ratio, Kre is the fraction of gas re–entrained (0.5 was used), and ϵ is the efficiency of 

NOx reduction due to re–burning mechanism. After some statistical processing, intending to 

add generality to the model, the authors developed the following semi–empirical correlation 

for the prediction of NOx: 

where subscript 0 denotes the reference conditions which were taken as the conditions at 

nominal engine operation. 

The model exhibits a good behavior when varying the EGR rate, boost pressure, 

intake temperature, engine speed and injection settings. Concerning calculation time, the 

model can be used in real–time applications, since it provides results in less time than the 

time required for an engine cycle completion (rpm-1). Specifically, using a MATLAB code 

in a 3 GHz PC, the total calculation time is about 4.5 ms which is smaller than an engine 

cycle. Regarding the accuracy, this model has a global mean error of about 15%. 

2.4 Zero–dimensional, Semi–Empirical/Phenomenological, 

Multi–zone, Thermodynamic Models 

2.4.1.1  Introduction 

The zero–dimensional, multi–zone models which are based on physical laws (i.e. 

thermodynamic laws) combined with empirical, semi–empirical and/or phenomenological 

concepts in conjunction with the use of in–cylinder pressure trace (measured or predicted) 

𝑚𝑁𝑂𝑥,𝑟𝑒 =
𝑚𝑁𝑂𝑥,𝑐𝑜𝑚𝑏 ∙ (1 − 𝐾𝑟𝑒 ∙ 𝐹𝑟 ∙ 𝜖)

𝑚𝑎+𝑚𝑓 +𝑚𝐸𝐺𝑅 ∙ 𝐹𝑟 ∙ 𝜖
∙ (𝑚𝑎+𝑚𝑓) (2.24) 

𝑚𝑁𝑂𝑥 = 𝑚𝑁𝑂𝑥,0 ∙
(𝐴 ∙ 𝐵0)

𝐴0 ∙ 𝐵
 

𝐴 = (∫𝑑𝑄𝑏(𝑎) ∙ 𝑒
(
𝐾3

𝑇𝑎𝑑(𝑎)
)
∙ 𝑑𝑎) ∙ (1 − 𝐾𝑟𝑒 ∙ (

𝑚𝑎
𝑚𝑓
) ∙ 𝜖) ∙ (𝑚𝑎+𝑚𝑓) 

𝐵 = 𝑚𝑎+𝑚𝑓 +𝑚𝐸𝐺𝑅 ∙ (
𝑚𝑎
𝑚𝑓
) ∙ 𝜖 

(2.25) 
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can be used in order to provide fast and reliable predictions for NOx emissions for a wide 

range of engine configurations and operating conditions. They combine the merits of 3D, 

detailed, multi–zone phenomenological and empirical or semi–empirical models. These 

models do not discretize the spray cone geometrically in the combustion chamber. Instead, 

the cylinder content is divided into multiple zones having no specific spatial meaning. The 

classification into zones, each one determined from a corresponding portion of in–cylinder 

content and its physical and chemical properties, introduces the concept of the in–cylinder 

inhomogeneity. The zones are evolving during engine cycle according to physical laws in 

combination with empirical, semi–empirical and/or phenomenological correlations. These 

models can be used in real–time applications as well as in basic/fundamental research be-

cause they are very fast, reliable, simplified, easy to handle, require low calibration effort, 

are versatile and have a wide implementation range and can be easily embedded to con-

trol/monitoring systems. 

As already mentioned, the model developed herein falls into this category. In the 

present section, a number of these models that can be found in the relevant literature, is 

presented. These models have thoroughly been studied and evaluated in an effort to develop 

a new NOx predictive model of this category by adopting their positive features, combining 

them with new concepts in order to face their drawbacks. 

2.4.1.2  Egnell  Zero–Dimensional Multi–Zone NO Model 

Egnell [108] developed a zero-dimensional, multi–zone model using the meas-

ured pressure trace for the calculation of HRR, local temperatures and concentrations of NO 

and other species. He used an arbitrary lambda value in each zone for the calculations. The 

proposed model was implemented on a premixed DI stratified charge natural gas SI engine 

and a DI Diesel engine. The data from these engines were used to study the effect of fuel 

injection duration on the average local lambda and NO formation history during the engine 

cycle. 

The input data for the specific model’s application are the measured emissions of 

CO2, CO, O2, HC (to calculate mass flow, global lambda and combustion efficiency), NOx 

(used as a target value at the calculations for the determination of the average local lambda) 

and the measured pressure trace. Also, the temperature and pressure at the inlet and exhaust 

systems, EGR fraction if used and the cylinder geometry, are required. 

The number of zones, their corresponding air/fuel ratio and mass fraction are cho-

sen arbitrarily and tailored to give the average NOx concentration that matches the measured 

respective one. At first, the HRR is calculated via the first thermodynamic law by using the 

engine geometry, inlet conditions and measure pressure trace. The heat transfer model used 

was the one suggested by Woschni [162]. The HRR is used to calculate the mass of the fuel 

burnt during each time step. Subsequently, the fuel mass is splitted into different lambda 

zones and the corresponding unburnt charge (i.e. air, residual (RG) and EGR gases) is cal-

culated. Then, the volume and temperature of each zone are determined. The calculation of 

the composition and temperature of the combustion products follows. Using these, the num-

ber of NO moles formed in each zone, can be calculated. 
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Every preset lambda value corresponds to a generated zone at SOC. At each new 

CA step, during combustion, new lambda zones are created which are the evolution of the 

corresponding previous ones. At each time step, the temperature and content of the previous 

zones is updated and the number of NO moles is recalculated. Apparently, the previous zones 

correspond to the post–combustion zones (see Fig. 2.4). This means that the number of zones 

handled at the end of combustion is given by the number of lambdas and the number of time 

steps during combustion. Therefore, the number of zones (N) is given from Eq. (2.26): 

where nlambda is the number of lambdas, nstep is the number of time steps during combustion 

and i denoted the current time step. The multi–zone concept is depicted in Fig. 2.4: 

 

Figure 2.4: Definition of time and lambda zones [108]. 

The fuel burnt at each time step (provided from HRR) is distributed to the chosen 

lambda zones according to the arbitrary chosen proportions. Using the fuel mass and the 

corresponding preset lambda, the requisite unburnt charge (air+EGR+RG) is calculated. The 

temperature of the unburnt charge (i.e. prior combustion) is calculated considering isentropic 

variation. The lambda zone temperature, namely after combustion initiation, is calculated 

using an iterative procedure evolving adiabatic flame temperature (via the first thermody-

namic law) and chemical dissociation of the combustion products assumed to be CO, CO2, 

H2, H2O, O2 and N2. The heat of vaporization of the fuel is also accounted for in the temper-

ature calculation of the combustion zones. The equilibrium constants are calculated by the 

minimization of Gibbs free energy. The internal energy is obtained from JANAF tables as a 

function of temperature.  

As mentioned, at each time step the contents of lambda zones are updated and 

their temperature varies due to changes in the pressure and volume in the cylinder. The tem-

perature of the charge affects the equilibrium constants and thus the composition of the prod-

ucts. The calculations in the post–combustion zones are performed in the same manner as in 

the combustion zones (i.e. based on the first thermodynamic law and chemical dissociation). 

𝑁 = ∑ 𝑛𝑙𝑎𝑚𝑏𝑑𝑎 ∙ (𝑛𝑠𝑡𝑒𝑝 + 1 − 𝑖)

𝑛𝑠𝑡𝑒𝑝

𝑖=1

 (2.26) 
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The derived zone temperature and equilibrium composition of the species are used to calcu-

late NO via the Zeldovich mechanism [28]. Finally, the calculation of the NO formed in each 

zone, is added to give the total amount of NO which is assumed to be representative of the 

total NOx. 

Egnell observed that although the NO concentrations in early burning zones are 

very high, these zones may not be the main contributors in total emissions of NO. He also 

found that the temperature at intake valve closure (IVC) has a decisive effect on NO for-

mation. From the investigation on how air entrainment affects the predicted NOx, he found 

that under the given conditions, increased mixing of fuel and air would give higher NOx. 

2.4.1.3  Horrocks Quasi–Dimensional Phenomenological Diesel  Engine 

Exhaust Model  

Horrocks [156] used a quasi–dimensional, phenomenological Diesel engine ex-

haust model (“Merlin Combustion–Emissions Model” – Lloyd's Register DEEPC – devel-

oped by the Performance Technology Department at Lloyd's Register) which is based on a 

multi–zone combustion modeling concept. It takes into consideration, on a zonal basis, de-

tails of the fuel spray formation, droplet evaporation, air–fuel mixing, spray–wall interaction, 

swirl, heat transfer, auto–ignition and reaction rate. The model uses chemical equilibrium 

considerations as well as kinetics of fuel, NO, CO and soot reactions to calculate the pollu-

tants concentrations within each zone and the whole cylinder. 

The injection spray has the form of intermittent pockets of fuel being emitted from 

the nozzle hole during each calculation time step, thereby making segments of fuel as injec-

tion proceeds. All the droplets in the spray segment are assumed to have the same Sauter 

mean diameter (SMD). At the start of atomization, each spray segment is divided into a def-

inite number of combustion zones. Air entrainment rate depends on the physical position of 

each zone, with centerline zones receiving the least air and edge zones receiving the most 

air. Swirl affects the shape of the spray and the rate of entrainment and is accounted for by 

modifying spray angle and penetration. Spray–wall impingement is assumed to take place 

when the moving zone reaches the nearest wall. 

Ignition is assumed to start at the vapor phase in each zone. The ignition delay is 

measured from the point of atomization and is related to zone temperature and air–fuel ratio 

through phenomenological correlations. Heat transfer is modeled on a zonal basis and both 

convective and radiation heat transfers are modeled. Zone temperature, volume and mass for 

a fixed cylinder pressure are calculated from the energy equation in conjunction with mass 

conservation and then equation of state is solved iteratively for each zone [163]. Chemical 

equilibrium within each zone is calculated by the method outlined by Olikara and Borman 

[164]. 

Moreover, this model considers the thermal NO formation which is modeled ac-

cording to the extended Zeldovich mechanism [29,30], taking into account the kinetics of 

NO formation. The fuel–bound nitrogen is assumed to be converted to NO directly during 

the course of combustion development. The prompt NO mechanism is not taken into account. 

The model is used to examine the effect of EGR on NOx formation in light–duty 

DI Diesel engines. Moreover, the significance of the Zeldovich mechanism rate constants 
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was proved. Horrocks proposed modified Zeldovich mechanism rate constants to improve 

the model’s results. 

2.4.1.4  Weisser Multi–Zone Quasi–Dimensional Combustion and 

Emissions Model 

Weisser [109] developed a multi–zone, quasi–dimensional (phenomenological) 

model for the combustion and exhaust emissions. Combustion is considered to be governed 

by the chemical time scales during the premixed combustion phase and by the turbulent time 

scales during the mixing–controlled combustion phase where the turbulent time scales are 

determined from variants or derivatives of a turbulence model. The transition between the 

two combustion phases is modeled on the basis of phenomenological considerations. For the 

simulation of NOx formation, detailed model of the post–flame chemistry are employed. 

This model employs dimensional considerations for the determination of the 

spray propagation, which influences the downstream processes such as turbulence evolution, 

mixing and combustion. However, the multi–zone approach does not involve any spatial 

discretization with respect to the location of the individual zones. Weisser used this multi–

zone concept to capture the charge inhomogeneity inside the combustion chamber during 

the relevant phases (injection and combustion). 

A single fresh gas zone is considered during the compression stroke until start of 

injection (SOI), when an additional mixture zone is introduced. After combustion has started, 

various exhaust gas zones are formed subsequently, which are then subject to mixing with 

the residual unburnt charge until the exhaust valve opening (EVO). The individual zones are 

considered internally homogeneous. It is assumed perfect mixing of the intake air with ex-

haust gas recirculated gas either internally or externally. The open part of the engine cycle 

was simulated with the simulation tool CIRCE [165] in order to properly define the initial 

conditions at intake valve closure (IVC). 

For each zone, the conservation equations of mass, species mass fractions and 

energy are solved simultaneously. In the energy equation, the energy required to heat up and 

evaporate the fuel droplets is considered as an additional heat exchange term. This is done 

in order to assure full coupling with the liquid phase. The individual zones have the same 

constant pressure (the in–cylinder pressure) at each time step. Therefore, the distribution of 
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the total volume change among the zones is performed appropriately in order to comply with 

the constant pressure condition at the end of each time step and with the volume constraint. 

The aforementioned model comprises the following sub–models which use phe-

nomenological/semi–empirical correlations: 

1. Spray model: 

 spray propagation, 

 droplet evaporation and 

 mixture formation. 

2. Turbulence model: 

 charge air motion without injection and 

 injection–generated turbulence). 

3. Combustion model: 

  ignition, premixed combustion, 

 mixing–controlled combustion and 

 distribution of the fuel among the two combustion phases assuming Φ=1. 

4. Heat exchange model. 

5. Mass transfer model. 

6. NOx formation model. 

For the heat–exchange 𝑄̇𝑗→𝑊 between an individual zone j and the cylinder wall 

(w), the Annand approach [139,140] is used as described in Eq. (2.27): 

where Vcyl and Gcyl are the volume and wall surface area of the cylinder at the examined 

instant respectively, T represents temperatures and Cconv and Crad are the convection and 

radiation constants which are obtained from calibration. 

Regarding mass transfer, the fresh gas is mixed with the evaporated injected fuel, 

forming the stoichiometric mixture zone. This latter zone is depleted in the course of com-

bustion. The combustion products are feeding the latest–built exhaust gas zone. All the ex-

haust gas zones are subject to mixing with the residual fresh gas. For consistency with the 

combustion modelling approach, only mixing of the residual fresh gas with the individual 

𝑄̇𝑗→𝑊 = −
𝑉𝑗

𝑉𝑐𝑦𝑙
∙ 𝐺𝑐𝑦𝑙 ∙ (𝐶𝑐𝑜𝑛𝑣 ∙

𝜆

2 ∙ 𝑅𝑐𝑦𝑙
∙ 𝑅𝑒0.7 ∙ (𝑇𝑗 − 𝑇𝑊) + 𝐶𝑟𝑎𝑑 ∙ (𝑇𝑗

4 − 𝑇𝑊
4 )) (2.27) 
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exhaust gas zones is considered for and any interaction between exhaust gas zones is ne-

glected. The mixing procedure is schematically described in Fig. 2.5: 

  

Figure 2.5: Schematic description of the mass 

transfer pathways between the individual zones 

as proposed by Weisser [109]. 

The NOx model takes into account both, NO and NO2 formation. It uses a detailed 

kinetic scheme for thermal NOx formation [38], using the flame temperature of each zone, 

which consists of 77 reactions involving 23 species including the oxidation of CO. For each 

individual zone, the concentration changes due to the individual reactions which are deter-

mined from their reaction rates via the CHEMKIN code [158] and ODE solver [166]. More-

over, the recirculated NOx are modeled as inert species in this context during the computation 

of the adiabatic flame temperature and the equilibrium composition of the combustion prod-

ucts. 

2.4.1.5  Diotallevi Multi–Zone NOx  Model 

Diotallevi [113] developed of a multi–zone model for NOx formation in Diesel 

engines based on the one proposed by Egnell [108]. The model has been validated using test 

sessions on a single cylinder engine based on a heavy–duty, six–cylinder Diesel engine. Di-

otallevi used the in–cylinder pressure trace to calculate the HRR and from this the fuel burnt 

at each crank angle (CA) interval, using Eq. (2.28): 

𝑑𝑄ℎ𝑟 =
𝛾

𝛾 − 1
∙ 𝑝 ∙ 𝑑𝑉 +

𝑉

𝛾 − 1
𝑑𝑝 + 𝑑𝑄𝑤 (2.28) 

where p is the measured in–cylinder pressure, dQhr is the energy released from the combus-

tion of a fuel element, dQw is the heat exchange with the cylinder wall calculated using An-

nand formula for convective and radiative heat transfer [139,140], V is the cylinder volume 

and γ is the ratio of specific heats which is calculated accounting for the temperature and the 

composition of the in–cylinder charge via a MATLAB function using gas properties from the 

JANAF tables [167]. 
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The model requires the following inputs: 

 mass of intake air per cycle, 

 injected fuel (mf) per cycle, 

 global lambda (λgl), 

 EGR rate, 

 CA of intake valve closure (IVC), 

 CA of exhaust valve opening (EVO), 

 conditions at IVC and 

 engine geometry. 

The residual gas is calculated from state equation for ideal gas using the clearance 

volume and exhaust pressure and temperature. The unburnt charge comprises ambient air, 

EGR and residual gases. The CA where the start of combustion (SOC) occurs is calculated 

from the in–cylinder pressure derivative. The temperature of the unburnt zone is calculated 

assuming polytropic (γ=f(T)) compression. 

The first combustion zone is generated at the SOC determined from the respective 

fuel burnt at the specific time step calculated from HRR analysis and the accompanied un-

burnt charge mass assuming stoichiometric combustion. Afterwards, a new zone is created 

at every time step. There is no interaction between the combustion zones. Only mixing with 

the unburnt charge is permitted (dilution). This consideration is justified from the fact that 

the effect of the mixing between combustion zones and unburned zone is much more signif-

icant than the mixing between the zones themselves. This is because the unburned zone has 

a completely different composition (basically air) and temperature compared to the zones 

which contain high temperature combustion products. Namely, it was considered that the 

higher difference in temperature and composition causes higher heat and mass transfer. 

Furthermore, it is noted that the zones do not have any specific physical meaning 

and spatial consistency but they provide a discretization of the in cylinder content during 

combustion process at every time step, in order to approach the temperature and composition 

inhomogeneity of DI Diesel combustion. 

The combustion zone temperature corresponds to the adiabatic flame temperature, 

which is calculated assuming stoichiometric combustion in conjunction with an equilibrium 

scheme. This scheme accounts for the following chemical species: CO2, H2O, N2, O2, CO, 

O, H, OH and NO. The temperature decrease (ΔT) due to fuel vaporization and the required 

heat to increase the fuel vapor temperature to the mixture temperature according to Eq. (2.29), 

is also accounted for: 

∆𝑇 =
𝑚𝑓 ∙ 𝑄𝑣 +𝑚𝑓 ∙ 𝑐𝑝𝑣 ∙ ∆𝑇𝑣

𝑚𝑡𝑜𝑡 ∙ 𝑐𝑝𝑡𝑜𝑡
 (2.29) 

where Qv is the heat of vaporization of the fuel (250 kJ/kg), cpv is the fuel vapor specific heat 

capacity at constant pressure and subscript tot denoted the total mixture in the zone. 

Each zone, after its generation, evolves inside the combustion chamber according 

to isentropic compression/expansion, thus a new temperature and volume is calculated at 
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each time step for every existing zone. The zonal concept that Diotallevi adopted is depicted 

in Fig. 2.6: 

 

Figure 2.6: Zones creation at every time step (i.e. 

1 °CA) [113]. 

During compression/expansion of each zone, a portion of the in–cylinder unburnt charge, 

enters inside the zone and is diluted with the combustion products. This portion, called dilu-

tion mass (mub,dil) is calculated from Eq. (2.30) [168]: 

𝑚𝑢𝑏,𝑑𝑖𝑙 = 𝑚𝑢𝑏,𝑒𝑥𝑐 ∙ {1 − 𝑒𝑥𝑝 [−6.908 ∙ (
𝜃 − 𝜃𝑆𝑂𝐶
𝜃𝑆𝑂𝐶 − 𝜃𝐸𝑉𝑂

)
𝑀𝑥

]} 

𝑚𝑢𝑏,𝑒𝑥𝑐 = 𝑚𝑢𝑏,𝑡𝑜𝑡 ∙ (1 −
𝜆𝑐
𝜆𝑔𝑙
) 

(2.30) 

where mub,exc is the excess unburnt charge mass, mub,tot represents the total trapped, λc and λgl 

are the combustion (local) and global air–fuel equivalence ratio respectively, θ is the current 

CA and Mx is a shape factor. This factor was set equal to 2 to obtain optimum results. 

During combustion and compression/expansion of each zone, the extended Zeldo-

vich mechanism [28,29,30] is used to calculate NO using the calculated temperature and 

equilibrium composition. NO formation rate, which is kinetically controlled, is represented 

from the differential equation extracted from the Zeldovich mechanism [8]. This equation is 

integrated in time (i.e. as zone evolves) using as initial value the result (NO amount) from 

the previous step. 

Diotallevi validated his model using 17 test cases by varying engine speed, load 

and intake pressure. The results have shown a good correlation with the experimental data 

in most cases. 

2.4.1.6  Seykens Physically–Based Multi–Zone Phenomenological Model 

Seykens [115] developed a physically–based, multi–zone, phenomenological 

model which predicts the interaction between the fuel injection rate and HRR and between 

the fuel injection process and emissions of NO and soot for both conventional and advanced, 

high–EGR, compression ignition combustion. Although the model has been developed to be 
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generally applicable, the validation process has been limited to heavy– duty DI Diesel en-

gines. The concept of the Seykens model is schematically described in Fig 2.7: 

  

Figure 2.7: Overview of the Seykens model using in–cylinder 

pressure as input [115]. 

The NO model comprises three main sub–models as indicated in Fig. 2.8: 

 

Figure 2.8: The sub–models comprised in the main NO model [115]. 

This model, which follows the method of Murayama [169], describes the in–cyl-

inder NO formation in multiple evolving packages of combustion products, which are sub-

sequently diluted with fresh oxidizer. A package is a volume of combustion products in 

which NO formation occurs. The combustion products packages are sequentially formed. 

The formation rate follows the HRR profile (measured or predicted). The main assumptions 

of this NO model are the following: 

 NO formation from premixed combustion is neglected, 

 only post–flame NO formation is accounted for, 

 the mixing is considered spray dominated, 

 no mixing of combustion products (zones) is occurs and 

 NO formation has no influence on the combustion process. 

The initial combustion products (package formation) temperature and composi-

tion are determined from the oxidizer temperature and composition and from the initial liq-

uid fuel temperature and chemical composition. Temperature calculations include the fol-

lowing: 

 fuel evaporative cooling, 

 adiabatic combustion including dissociation, 

 hot soot particle radiative cooling and 

 flame straining by turbulence.  

After package formation and during combustion period, the packages interact 

with the surroundings following a radiation heat loss mechanism and accounting for the en-

trainment of fresh oxidizer (air + residuals + ERG gases). The temporal evolution is de-
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scribed by conservation of mass and energy. The package composition is calculated assum-

ing that combustion product packages do not exchange mass. At every time instant, a pack-

age can be taken to consist of stoichiometric combustion products and an additional amount 

of fresh oxidizer as a result of entrainment. 

Because both, the composition and temperature of the added fresh oxidizer is 

known, the zone temperature is calculated directly from the energy balance. The mixing 

process is thus quantified by the evolution of the equivalence ratio of a specific zone. This 

evolution is predicted on the basis of a one–dimensional model of the fuel spray. 

The spray model used is based on the fuel mass and momentum balances over the 

control surface, as proposed by Naber and Siebers [170]. NO formation is calculated using 

the output variables of the product zone evolution model. The output variables are the fol-

lowing: 

 zone mass, 

 zone temperature, 

 zone species mass fractions, 

 zone specific volume and 

 pressure as a function of CA per zone. 

In line with the aforementioned phenomenological modeling approach, NO for-

mation is approached on the basis of a description of the chemical reaction kinetics. Limita-

tions have to be imposed with respect to the NO reaction pathways accounted for and the 

evolution of species concentrations on the basis of the corresponding chemical time scales. 

Only the thermal NO and N2O – intermediate pathway are accounted for. To encounter NO 

formation at low–temperature combustion (T < 1800 K), e.g. high–EGR combustion, where 

thermal NO formation pathway is no longer dominant [34,171,172], the N2O–intermediate 

pathway was used as the primary NO formation pathway at elevated pressures [35]. The total 

NO formation rate equation is given by the sum of the two above NO formation mechanisms. 

However these mechanisms require the instantaneous concentrations of species O2, N2, O, 

OH, N and N2O. To avoid the time consuming solving of the kinetics differential equations, 

which calculate the amount of each species inside each zone, Seykens adopted the global or 

final equilibrium assumption for all species except NO. This assumption is widely accepted 

and is based on the fact that chemical time scales associated with the NO formation process 

are much longer than those associated with the combustion process. 

Finally, the physically based model for NO emissions developed by Seykens, con-

tains five calibration parameters which have to be tuned by hand to fit the combustion system. 

2.4.1.7  Andersson Multi–Zone Physically–Based Real–Time NOx Model 

Andersson et al [111] have developed a simplified, zero–dimensional, multi–zone, 

physically–based, real–time model for the conventional and partially premixed Diesel com-

bustion, fuel injection, ignition delay, premixed and diffusion combustion HRR. The model 

can be used for both, traditional high temperature combustion and for high–EGR, low tem-

perature combustion. 
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This model consists of the NOx model and a HRR model that feeds the NOx model 

with input data. Initially the HRR model predicts combustion rate with a CA resolution of 

0.2°. This model is consisted from phenomenological correlations for the calculation of the 

following [109]: 

 heat transfer, 

 injection velocity, 

 injection flow rate, 

 ignition delay, 

 premixed combustion, 

 diffusion combustion, 

 turbulent kinetic energy due to spray and 

 turbulent kinetic energy due to in–cylinder swirl. 

The model calibration constants are tuned to match the experimental data (e.g. 

ignition delay, fuel mass flow, experimental HRR, etc.). 

From the predicted HRR, the formation of combustion products at each time step 

is calculated, assuming that all fuel is combusted at equivalence ratio of one. Then, the de-

rived data are used as inputs in the NOx model. 

Cylinder pressure p, which is also required as an input to the NOx model, is cal-

culated according to the first thermodynamic law as described from Eq. (2.31), by using the 

predicted net HRR (dQn/dθ), which has been calculated from the corresponding model. 

In the previous equation, γ is ratio of specific heats, which is dynamically calculated depend-

ing on current in–cylinder temperature and composition, V is the current cylinder volume 

and θ is the crank angle. 

The NOx model uses the fuel burning rate acquired from the predicted HRR and 

divides it into fuel elements as combustion proceeds to generate multiple zones. After com-

bustion of each fuel element, the burned gas element is mixed with cooler cylinder gas (com-

posed of intake air, EGR and residual gases). The speed of mixing is governed by a charac-

teristic mixing time given from the following semi–empirical correlation: 

where tchar is the characteristic mixing time in crank angle degrees [°CA], Cmix is a constant 

[°CA], l is a characteristic length [m] and k is the density of turbulent kinetic energy [m2/s2]. 

A new value of tchar is calculated for each new fuel element that burns. 

NOx formation is modeled according to the extended Zeldovich mechanism. At 

low temperature combustion (which occurs e.g. at very high EGR rates), where the Zeldo-

𝑑𝑝

𝑑𝜃
= (
𝑑𝑄𝑛
𝑑𝜃

−
𝛾

𝛾 − 1
∙ 𝑝 ∙

𝑑𝑉

𝑑𝜃
) ∙ (

𝛾 − 1

𝑉
) (2.31) 

𝑡𝑐ℎ𝑎𝑟 = 𝐶𝑚𝑖𝑥 ∙ 6 ∙ 𝑁(𝑟𝑝𝑚) ∙
𝑙

√𝑘
 (2.32) 
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vich mechanism cannot give accurate predictions because other mechanisms are predomi-

nant, a simple empirical compensation algorithm is used for the burned zones with a NOx 

formation of less than 60 ppm as described in Eq. (2.33): 

𝑝𝑝𝑚𝑁𝑂𝑐𝑜𝑟𝑟 = 11.8 ∙ (𝑝𝑝𝑚𝑁𝑂𝑢𝑛𝑐𝑜𝑟𝑟)
0.43 (2.33) 

For the NOx calculations, the equilibrium temperature and species concentrations 

are required. To avoid the use of the slow iterative procedure of Gibbs free energy minimi-

zation methodology for every zone, the model uses tabulated results of Gibbs free energy 

which are functions of pressure, equivalence ratio and temperature. There is also a lookup 

table to calculate the equilibrium temperature. The temperature input to the aforementioned 

lookup table is the one which corresponds to complete combustion (i.e. without dissociation). 

Furthermore, there are additional lookup tables for each species participating in NOx for-

mation. The temperature input to these tables is the equilibrium temperature. For the calcu-

lation of this temperature, initially adiabatic flame temperature is calculated, which is then 

reduced due to heat radiation to the cylinder wall. No further heat losses from the burned 

zones were taken into account. The radiative heat transfer is calculated from Eq. (2.34): 

𝑄̇𝑟𝑎𝑑 = 𝑛̇𝑏𝑢𝑟𝑛𝑒𝑑 ∙ 𝐶𝑟𝑎𝑑 ∙ 𝑇𝑎𝑑
4  (2.34) 

where 𝑛̇𝑏𝑢𝑟𝑛𝑒𝑑 is the burned gas production rate, Crad is the heat radiation constant and Tad 

is the adiabatic combustion temperature. Afterwards, the temperature trace of the zone (not 

considering dissociation) is calculated over a range of CA degrees relevant to NOx formation. 

This temperature trace is achieved by assuming isentropic compression between each time 

step. Also, at each time step, cool unburned cylinder gas is mixed into the burned zone and 

the total enthalpy of added gas and burned gas is conserved. Subsequently, using the tem-

perature lookup table, the same temperature trace is re–calculated considering dissociation. 

Thus, the local temperature (i.e. zone temperature) is now calculated by accounting for the 

chemical dissociation effect. Also, the species equilibrium concentrations are obtained using 

the corresponding lookup tables. The species equilibrium concentrations are required in the 

NOx formation calculations of the extended Zeldovich mechanism used in the NOx model. 

The main calibration parameters of the NOx model are the characteristic mixing 

time constant Cmix (which governs the mixing of cooler unburned cylinder gas with hot 

burned gas) and the heat radiation constant (which determines the temperature drop due to 

wall heat loses). 

Both models (in conjunction) were applied on a single cylinder research engine 

based on a heavy–duty DI truck Diesel engine where multiple geometrical and operating 

parameters varied. The investigation revealed that the model is able to maintain high calcu-

lation accuracy and speed for NOx emissions. The root mean square of the relative error 

(RMSE) was 16 % and the calculation speed was around one second on a PC. Combustion 

characteristics such as ignition delay, center of combustion (COC) and the general shape of 

the heat release rate were well predicted by the combustion model. The authors assert that it 

would be possible to identify time–consuming calculation processes in the model and allo-

cate them to an Application Specific Integrated Circuit (ASIC) and thus drastically decrease 

the required calculation time [173]. 
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2.4.1.8  Hernandez Phenomenological Multi–Zone Combustion Model 

Hernandez et al [20] developed a phenomenological multi–zone combustion 

model, which considers the space and time evolutions of a reacting Diesel fuel jet aiming to 

estimate the instantaneous NOx concentration in a Diesel engine cylinder from the start of 

injection (SOI) until exhaust valve opening (EVO). The total injected fuel mass has been 

divided into different fuel packages, using the fuel injection rate, to take into account the 

heterogeneous nature of the Diesel combustion process. 

A method based on the theory of turbulent gas jets [174], developed from Arrègle 

et al, has been used to calculate the instantaneous air entrainment in each package from the 

experimental HRR, which is obtained through a thermodynamic diagnostic model. The au-

thors used the empirical model of Arrègle et al [175], which calculates an “apparent com-

bustion time” (ACT) defined as the time interval (tmix(t,z)) between the injection of the fuel 

package and its complete stoichiometric combustion, and use it to calculate the instantaneous 

amount of air which mixes with each fuel package. Thus, they ended up to the semi–empir-

ical correlation, described in Eq. (2.35), that provides the instantaneous (F/A)r ratio [kg/kg] 

for each package. 

(
𝐹

𝐴
)
𝑟

(𝑡, 𝑧) =
𝐾2(𝑧)

(
𝐹
𝐴)𝑠𝑡

∙ 𝑡𝑚𝑖𝑥
2 (𝑡, 𝑧) ∙ 𝑌𝑂2(𝑡) ∙ 𝜌𝛼(𝑡)

 (2.35) 

In the previous expression, K is a calibration constant, YO2 is the oxygen mass fraction in the 

combustion chamber, ρα is the density of the entrained air, z correspond to the examined 

package and t to elapsing time. 

Owing to the importance of the kinetics on the formation and dissipation mecha-

nisms of the main pollutant species (e.g. NOx) and radicals, the instantaneous composition 

of each fuel package has been calculated using a chemical reaction mechanism which con-

siders 27 species and 59 reactions. The main model input data, is the HRR and mean gas 

temperature which are derived from the implementation of the combustion diagnostic pro-

cedure on the instantaneous in–cylinder pressure trace obtained during the engine tests. 

A single cylinder Diesel engine was tested to validate the model and to analyze 

the influence of the injection parameters (injection pressure, injection timing and injected 

fuel mass flow) on NOx emissions. A good agreement between the theoretical results and the 

experimental ones was accomplished when the aforementioned injection parameters were 

modified. The proposed model also provides a better knowledge of the local mixing fuel/air 

processes, which represents one of the most important uncertainties when modelling Diesel 

combustion. 

2.4.1.9  Maiboom Phenomenological, Six–Zone Combustion Model  

Maiboom et al [114] developed a zero dimensional, phenomenological, six–zone 

combustion model for DI Diesel engines, which provides local information, such as mean 

equivalence ratio and temperature in the various zones. The model is based on the well–
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known Dec’s “conceptual” model [15] for DI Diesel combustion. This model uses the fol-

lowing sub–models: 

 injection rate model based on instantaneous injection rate measurements, 

 spray model from Siebers et al [176,177] (maximum liquid–phase fuel penetration, 

vapor–phase fuel penetration, spray spreading angle, lift–off length and air–fuel 

equivalence ratio), 

 entrainment model of the ambient gas, 

 premixed and diffusion combustion model partially based on Barba’s simplified 

turbulent kinetic calculation [178], 

 and energy balance in each zone providing the corresponding mean temperatures. 

The combustion chamber is divided into six zones as demonstrated in Fig. 2.9: 

 

Figure 2.9: Zone description [114]. 

Zone 1 is the “liquid” zone and is defined from the nozzle hole to the maximum 

liquid fuel penetration. Zone 2 is the air–fuel mixture between the maximum liquid penetra-

tion L and the lift–off length H. If H is greater than L, zone 2 contains the fuel that is com-

pletely evaporated downstream of the liquid penetration. If H is smaller than L, zone 2 con-

tains the liquid fuel downstream of the lift–off length. Zone 3 is the premixed combustion 

zone that consists the combustion of air–fuel vapor phase which has been prepared during 

ignition delay. Zone 4 is the diffusion combustion zone from the lift–off length to the vapor 

phase fuel penetration. Zone 5 is the diffusion flame surrounding zones 3 and 4. And finally 

zone 6 is the surrounding gas (air and EGR). These zones are allowed to exchange mass and 

energy as evolving in the combustion chamber during the engine cycle following a concept 

proposed by the authors [114]. The empirical constants comprised in the aforementioned 

sub–models are determined using experimental data such as experimental HRR etc. and val-

ues from the literature. 

Model validation revealed that it is able to capture principal trends when varying 

engine load and speed, inlet air temperature, boost pressure, injection pressure and EGR rate. 

It also calculates HRR with adequate accuracy. The authors state that their model can be used 

to interpret experimental emission trends (NOx and PM). 
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2.4.1.10  Ericson Zero–Dimensional Two–zone Quasi–Steady 

Combustion and Gas Exchange Model  

Ericson et al [179] developed a zero–dimensional, two–zone combustion model 

in combination with a quasi–steady gas exchange model (including models for EGR and 

variable geometry turbocharger (VGT)), focusing on the calculation of tail–pipe NOx and 

engine parameters such as in–cylinder pressure, temperature and gas flows. The combustion 

model uses fuel flow parameters to generate HRR data and from these to calculate the cor-

responding pressure trace. 

The temperature and equilibrium concentrations in the zones are calculated by a 

simplified combustion model. The corresponding NOx concentration is given by the original 

Zeldovich mechanism. Authors assert that their model is capable of predicting the tail–pipe 

NOx flow and exhaust temperature. They validated their model on an inline six–cylinder 

experimental engine using cooled EGR. The engine is equipped with a VGT and common 

rail fuel injection system. 

For the combustion model two zones were used, one unburned and one burned 

zone. At first, the fuel flow is calculated using the measured rail pressure. Using the fuel 

flow and calculating the heat losses, the net HRR and the corresponding pressure differential 

are determined. Then the HRR is used to calculate the elementary fuel mass burnt at each 

time instance. During combustion process, the adiabatic flame temperature of the burning 

fuel mass element, at the current time instance, is calculated. Thereafter, the derived freshly 

burned charge is added to the burned zone, which has been updated by expanding/compress-

ing isentropically its previous contents. The burned zone temperature is compensated for 

dissociation of the combustion products and finally the amount of NOx formed in the current 

time step is calculated. This sequence of calculations is performed with a fixed CA interval. 

Typically the burned zone temperature and NOx concentration calculations are performed 

more sparsely than the HRR part in order to save time. 

The combustion of the fuel mass elements is assumed locally stoichiometric (λlo-

cal=1). The requisite air mass element for the combustion of each fuel element is derived 

from the unburnt zone. No additional air entrainment from the unburnt to burned zone occurs. 

The initial combustion products composition is derived from the stoichiometric combustion 

equation. Adiabatic flame temperature (Tflame,ad) is then calculated trough enthalpy balance 

between an unburned mass element and a perfectly burned mass element. These enthalpies 

are calculated from thermodynamic polynomials [180]. Then the cooling effect of dissocia-

tion is taken into account using tabulated data of species (CO, CO2, H2, H, OH, O, O2, NO, 

H2O, N2 and N) and a function (feq) of pressure (p), temperature and local air–fuel equiva-

lence ratio (λlocal). Thus the Tflame,ad and the final temperature Tflame,ht, where the temperature 

reduction due to radiative heat transfer dQht,rad is accounted for, are calculated as follows: 

𝑇𝑓𝑙𝑎𝑚𝑒 = 𝑇𝑓𝑙𝑎𝑚𝑒,𝑎𝑑 − 𝑓𝑒𝑞(𝑝, 𝑇𝑓𝑙𝑎𝑚𝑒,𝑎𝑑 , 𝜆𝑙𝑜𝑐𝑎𝑙) 

𝑑𝑄ℎ𝑡,𝑟𝑎𝑑 = 𝐶𝑟𝑎𝑑(𝑛𝑒𝑛𝑔, 𝛿) ∙ 𝑇𝑓𝑙𝑎𝑚𝑒
4  

𝑇𝑓𝑙𝑎𝑚𝑒,ℎ𝑡 = 𝑇𝑓𝑙𝑎𝑚𝑒,𝑎𝑑 −
𝑑𝑄ℎ𝑡,𝑟𝑎𝑑
𝐶𝑝

 

(2.36) 
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In the previous equations, Cp [J/kg/K] is the constant pressure specific heat of the combus-

tion mixture and Crad is calculated using a black box expression (a linear regression model) 

depending on speed (neng) and injected fuel mass (δ). Crad is not a strictly physical parameter 

but is used in the final step of the combustion model as a tuning parameter to fit simulated 

to measured NOx. 

The burned zone temperature evolution (Texp) is calculated from the temperature 

of the previous step (before taking dissociation into account (Tburn,perf)) and its isentropic 

expansion/compression using a fixed γ value. From energy balance and the fact that the spe-

cific heat value has a weak temperature dependence in the examined temperature range (thus 

specific heats of the freshly burned element (flame) and of the expanding burning zone can 

be assumed equal), the temperature of the burning zone (Tburn) is calculated from Eq. (2.37): 

where θ is the current CA step, mburn denotes the mass in the burned zone and mflame=mburn(θ)-

mburn(θ-1) is the mass of the freshly burned element (flame). The Tburn is used to calculate 

the equilibrium and rate constants for the Zeldovich NO mechanism, which is used to model 

the NO formation. The equilibrium O2 and N2 concentrations in the burned zone, which are 

required in the NO formation mechanism, are given from tables derived from minimization 

of Gibbs free energy. It is also mentioned that the gas exchange model provides the simulated 

inlet manifold pressure and EGR rate to the combustion model, which in turn, calculates the 

exhaust temperature required by the gas exchange model. 

The external inputs are the following: 

 inlet manifold temperature, 

 engine speed, 

 EGR valve and VGT actuator signals, 

 injected fuel mass, 

 injection timing and 

 rail pressure (of the common rail injection system). 

The typical outputs are the following: 

 inlet and exhaust manifold pressure, 

 EGR rate, 

 NO concentration, 

 peak cylinder pressure and 

 exhaust temperature. 

The model was validated in two stages by using: 

1. steady state data to validate the combustion model, with mean relative error of 

10.4% and 

2. transient data to validate the complete model on the European Transient test Cycle 

(ETC) with a mean relative error of 7.14%. 

𝑇𝑏𝑢𝑟𝑛,𝑝𝑒𝑟𝑓(𝜃) =
𝑇𝑒𝑥𝑝 ∙ 𝑚𝑏𝑢𝑟𝑛(𝜃 − 1) + 𝑇𝑓𝑙𝑎𝑚𝑒,ℎ𝑡 ∙ (𝑚𝑏𝑢𝑟𝑛(𝜃) − 𝑚𝑏𝑢𝑟𝑛(𝜃 − 1))

𝑚𝑏𝑢𝑟𝑛(𝜃)
 

𝑇𝑏𝑢𝑟𝑛 = 𝑇𝑏𝑢𝑟𝑛,𝑝𝑒𝑟𝑓 − 𝑓𝑒𝑞(𝑝, 𝑇𝑏𝑢𝑟𝑛,𝑝𝑒𝑟𝑓 , 𝜆𝑙𝑜𝑐𝑎𝑙) 

(2.37) 
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Moreover, the computational time was 0.05 seconds per time step using un–com-

piled MATLAB code on a 1.6 GHz PC. 

2.4.1.11  Wilhelmsson Two–Zone Physically Based NOx Model 

Wilhelmsson et al [107] developed a two–zone, physically based NOx model to 

predict NOx formation during the engine cycle as well as NOx formation trends, suitable for 

vehicle on–board, on–line implementation, feasible for an embedded system, i.e. embedded 

processor or embedded electronic hardware (field programmable gate arrays (FPGA)). 

The proposed model divides the combustion chamber content into two zones, the 

burnt (where the NOx are formed) and the unburnt one. The temperature of the burned zone 

is calculated using the number of moles of the two zones, the global temperature and the 

temperature of the unburned zone (which is calculated assuming isentropic compression), 

rather than using the iterative energy balance approach. Using this method the physical in-

terpretation can be maintained while the algorithm is significantly simplified. The authors 

used the ideal gas law for the total combustion chamber and for each zone separately assum-

ing uniform pressure and accounting for the cylinder volume constrain, they calculated the 

temperature of the burnt zone. The concept is described from the following equations: 

In the previous equations, is assumed that the number of moles is not significantly changed 

due to combustion (small augmentation of charge mass due to fuel addition at each time step 

and also the values of air and exhaust gas molecular weight are close). Thus, the global 

number of moles (ng) remains constant (n0) throughout the complete cycle. Furthermore, Tg 

is the global temperature, Tg0 and Pg0 are the known temperature and pressure respectively 

at combustion initiation, used to calculate the temperature of the unburned zone. γ is the ratio 

of specific heats which was assumed constant. Q is the total heat released from the start of 

combustion to the current CA. λ is the local air/fuel ratio introduced as a tuning parameter 

and assumed constant. (AFR)st is the stoichiometric air/fuel ratio. nf and na are the total moles 

of fuel and air respectively. p is the given in–cylinder pressure (experimental or calculated). 

Subscripts uz and bz correspond to unburned and burned zone respectively. 

𝑛𝑢𝑧 ∙ 𝑇𝑢𝑧 + 𝑛𝑏𝑧 ∙ 𝑇𝑏𝑧 =
𝑝 ∙ 𝑉𝑢𝑧

𝑅̃
+
𝑝 ∙ 𝑉𝑏𝑧

𝑅̃
=
𝑝

𝑅̃
∙ 𝑉𝑔 = 𝑛𝑔 ∙ 𝑇𝑔 

𝑛𝑢𝑧 = 𝑛𝑔 − 𝑛𝑏𝑧 = 𝑛0 − 𝑛𝑏𝑧 

𝑛𝑏𝑧 =
𝑄

𝑄𝐿𝐻𝑉 ∙ 𝑛𝑓
∙ (1 +

𝑛𝑓 ∙ 𝜆 ∙ (𝐴𝐹𝑅)𝑠𝑡

𝑛𝑎
) 

𝑇𝑔 =
𝑝 ∙ 𝑉

𝑛0 ∙ 𝑅̃
 

𝑇𝑢𝑧 = 𝑇𝑔0 ∙ (
𝑝

𝑝𝑔0
)

𝛾−1
𝛾

 

𝑇𝑏𝑧 =
𝑛𝑔 ∙ 𝑇𝑔 − (𝑛0 − 𝑛𝑏𝑧) ∙ 𝑇𝑢𝑧

𝑛𝑏𝑧
 

(2.38) 
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This model uses the Zeldovich mechanism to estimate NO formation in the burnt 

zone. The equilibrium concentrations of free oxygen (O), nitrogen (N2) and nitric oxide (NO), 

which are used as inputs in the Zeldovich mechanism, are calculated as functions of temper-

ature, pressure and local λ by taking dissociation reactions into account. The dissociation 

reactions in combination with the corresponding Gibbs free energy and carbon, hydrogen, 

oxygen and nitrogen balances are put together to form a system of nonlinear equations. The 

solution of this system provides the equilibrium concentrations. Once the equilibrium con-

centrations are known, it is possible to compute the NOx formation rate using the Zeldovich 

mechanism as described in Eq. (2.39): 

where c denotes the concentration [mol/cm3] and subscript e the equilibrium. 

The authors modified the Zeldovich mechanism taking into account the variation 

of the burned zone volume during combustion: 

𝑑𝑐𝑁𝑂
𝑑𝑡

=
𝜕𝑐𝑁𝑂
𝜕𝑡

+
𝜕𝑐𝑁𝑂
𝜕𝑉

∙
𝑑𝑉

𝑑𝑡
=
𝜕𝑐𝑁𝑂
𝜕𝑡

+
𝜕 (
𝑛𝑁𝑂
𝑉 )

𝜕𝑉
∙
𝑑𝑉

𝑑𝑡
=
𝜕𝑐𝑁𝑂
𝜕𝑡

−
𝑐𝑁𝑂
𝑉
∙
𝑑𝑉

𝑑𝑡
 (2.40) 

where 
𝜕𝑐𝑁𝑂

𝜕𝑡
 is derived from the original Zeldovich mechanism, 

𝑑𝑉

𝑑𝑡
 and 𝑉 represent the vol-

ume derivative and volume respectively of the burned zone calculated using the ideal gas 

law and the previously calculated temperatures and mole numbers of the burned zone. How-

ever, the authors attest that in existing multi–zone models, each zone does not vary 

significantly in volume, because the number of zones increases. Thus the implementation of 

the original Zeldovich mechanism is valid in these cases. 

Authors validate their model using experimental data from a single–cylinder ver-

sion of a passenger car Diesel engine. The tuning parameter of the model, namely the burned 

zone λ, was chosen equal to 1.088 giving the best match of predicted and measured NO 

values. The maximum error was about 30% and the absolute average error of roughly 20%. 

The authors recognize that the model is very sensitive to this parameter (λ). 

To accomplish application on embedded systems, the authors were pre–calculate 

and tabulate some parameters and then express the solution as a function of its input variables 

as shown in Eq. (2.41): 

𝜕𝑐𝑁𝑂
𝜕𝑡

=

15.2 × 1013 ∙ 𝑒
−38000
𝑇 ∙ 𝑐𝑂

𝑒 ∙ 𝑐𝑁2
𝑒 ∙ (1 − (

𝑐𝑁𝑂
𝑐𝑁𝑂
𝑒 )

2

)

1 +
7.6 × 1013 ∙ 𝑒

−38000
𝑇 ∙ 𝑐𝑂

𝑒 ∙ 𝑐𝑁2
𝑒

1.5 × 109 ∙ 𝑒
−19500
𝑇 ∙ 𝑐𝑁𝑂

𝑒 ∙ 𝑐𝑂
𝑒
∙
𝑐𝑁𝑂
𝑐𝑁𝑂
𝑒

 
(2.39) 

𝜕𝑐𝑁𝑂
𝜕𝑡

= 𝑓(𝑇𝑏𝑧, 𝑝, 𝑐𝑁𝑂) (2.41) 
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2.4.1.12  Scappin  NOx and Engine Performance Model for Marine 

Engines 

Scappin et al [106] developed a zero–dimensional model for the prediction of NOx 

and engine performance for marine low–speed Diesel engines. The proposed zero–dimen-

sional model evaluates engine performance by means of an energy balance and a two–zone 

combustion model using ideal gas law equations over a complete engine cycle and a scav-

enging model for the calculation of the scavenging efficiency. The combustion process is 

divided into intervals and the composition products and flame temperature are calculated in 

each interval. NOx emissions are predicted using the extended Zeldovich mechanism. 

Model’s ability to adequately predict brake specific fuel oil consumption (bsfc) 

and NOx emissions was validated using experimental data from two large–scale electroni-

cally controlled marine Diesel engines. The engine variation parameters were the start of 

injection (SOI), which affects the maximum combustion pressure, exhaust valve opening 

(EVO) timing and scavenging pressure. The last two affect the scavenging efficiency and 

compression pressure. 

The authors used the double Wiebe function following the Miyamoto model [181] 

to calculate HRR and Woschni correlation [162] to estimate the gas to wall heat transfer. The 

HRR model was calibrated to match measured data, by selecting the correct timing of fuel 

injection and adjusting combustion shape parameters. The combustion and NOx formation 

models are integrated in a loop which divides the combustion duration into equal steps. 

Before the initiation of the procedure, combustion parameters are calculated such 

as total heat release, global air to fuel ratio, ignition delay, Wiebe parameters and an initial 

guess of adiabatic flame temperature (AFT). During the iterative procedure, two zones are 

considered, a zone with combustion and a zone containing the remaining cylinder gas. 

The iterative procedure initiates by solving a system of ordinary differential equa-

tions by integration. This system includes equations for heat losses by Woschni, energy and 

mass balances, ideal gas law and Wiebe function HRR consideration. The solution of the 

system provides values of temperature, pressure, volume, mass and HRR over the time in-

terval of the examined CA step. The mass of burnt fuel is provided from HRR and the mass 

of oxygen involved is found by multiplying the local lambda value with the mass of burnt 

fuel divided by the concentration (at the examined step) of oxygen in the cylinder charge. 

By this way, the mass of the charge in the combustion zone is scaled to keep the oxygen 

concentration constant. The local lambda is constant for the 360° engine cycle and is corre-

lated with load. The combustion products composition, which is needed for the AFT calcu-

lation, is obtained from an eleven species chemical equilibrium scheme described in 

Rakopoulos et al [147]. Then, NOx formation is modeled and lastly the gasses from the two 

zones are mixed, at the end of each interval to form the new composition of the cylinder 

charge. This is done by adding the components (by mass weighted) of the two zones together 

and dividing by the total mass of the charge. 

NOx is calculated using the extended Zeldovich mechanism [182]. The tempera-

ture used in this mechanism is the AFT of the burning zone. For the aforementioned calcu-

lations, the trapped mass in the cylinder at the ith cycle is required. It is calculated using the 

ideal gas law and taking into account the estimated residual gas fraction Xr, exhaust gas 
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temperature Texh, intake temperature Ti and cylinder pressure and volume at exhaust valve 

closure (EVC) as described in Eq. (2.42): 

The residual gas fraction (Xr) for the two–stroke, uniflow–scavenging engines 

calculation method, is obtained from Ref. [183] where SEV is the volumetric scavenge 

efficiency, SRV is the scavenge ratio, or the ratio between the delivered fresh air and the 

swept volume of the combustion chamber. The correlation factors k0, k1 and k2 are the scav-

enging coefficients [183]. 

The results revealed that the model can capture the trends of bsfc and NOx emis-

sions with injection timing and EVC timing, within the 95% confidence interval of the meas-

urements. The authors state that their model is very fast and provides good accuracy, with 

respect to essential engine performance characteristics. Furthermore, their model has demon-

strated capability of responding well to tuning engine parameters regarding bsfc and NOx 

emissions. Thus, they propose their model to explore different scenarios, i.e. bsfc minimiza-

tion within the IMO NOx emission limits [47] and for energy system analysis. 

2.4.1.13  Goldsworthy Thermodynamic NO x  Model for Marine Engines 

Goldsworthy [110] developed a thermodynamic model for predicting NOx emis-

sions from slow–speed marine Diesel engines. His model is a zero–dimensional one, makes 

use of chemical kinetics for NOx formation in multiple burnt gas zones, and runs in real–

time on a standard PC. The mean fuel/air mixture, where NOx forms, and the rate of dilution 

of the burnt gas by unburnt air, are adjustable. Two large–scale, low–speed Diesel engines 

were used for the model validation. Effects such as variations in fuel spray interaction with 

load are accounted for in the calibration of the model. This model aims to investigate the 

effect of dilution rate and equivalence ratio on NOx formation. 

The investigation revealed that, under certain conditions, there is a critical burnt 

gas dilution rate which maximizes NOx. The model responds adequately to changes in engine 

load and to NOx control measures such as water injection, injection timing retard, exhaust 

gas recirculation and humidification. Measurements were used from E3 test cycle (propeller 

law) [46] for this study. 

This model employs multiple burnt gas zones [109], adiabatic flame temperature, 

chemical kinetics, NO formation on the lean side of the flame, mixing of the burnt gas with 

unburnt air and extra cooling by metal surfaces. The model does not use detailed spray and 

turbulence calculations, since it is oriented for real–time applications. Turbulent mixing rates 

are derived empirically from the combustion rate (derived from HRR), which is inferred from 

measured peak cylinder pressure and engine power at a number of representative engine 

𝑚𝑐(𝑖) =
𝑃𝐸𝑉𝐶 ∙ 𝑉𝐸𝑉𝐶
𝑅 ∙ 𝑇𝑚𝑖𝑥(𝑖)

 

𝑇𝑚𝑖𝑥(𝑖) = (1 − 𝑋𝑟) ∙ 𝑇𝑖(𝑖) + 𝑋𝑟 ∙ 𝑇𝑒𝑥ℎ(𝑖 − 1) 

𝑋𝑟 = 1 − 𝑆𝐸𝑉  

𝑆𝐸𝑉 = 1 − 𝑒𝑥𝑝⁡(𝑘0 + 𝑘1 ∙ 𝑆𝑅𝑉 + 𝑘2 ∙ 𝑆𝑅𝑉
2) 

(2.42) 
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operating conditions. The power output, in–cylinder pressure, HRR, exhaust temperature and 

thermal efficiency are calculated from an in–house model (AMC’s marine Diesel simulator) 

which uses a simple combustion model [184] based on the Whitehouse–Way method for the 

HRR estimation. HRR, from which the fuel burnt rate is calculated, and in–cylinder pressure 

are required as inputs in the NOx model. 

The multi–zone model for NOx emissions has been coupled onto this simple com-

bustion model. To create a realistic temperature history for the NO formation regions, a 

number of zones of known mass are created as combustion proceeds and the evolution of 

NO in each of these zones is followed kinetically. The number of zones is much less than 

the total number of calculation steps for the combustion period. To reduce computation time, 

the number of zones was set at 10. At the end of combustion, the total amount of NO is found 

by averaging the NO from subsequent zones and summing the average values, weighted 

according to the mass of fuel burnt between the starting angles of the subsequent zones. 

The temperature history of each NO zone is followed by a simplified energy anal-

ysis which accounts for the compression/expansion, heat transfer and mixing of the gas with 

unburnt air (controlled by a dilution rate). The initial temperature of each NO zone is the 

constant pressure adiabatic flame temperature at that time. The equivalence ratio for the 

flame temperature calculations is set at a single value less than one (fuel–lean) for all zones. 

This value is an input to the model. The chosen equivalence ratio determines the NO zone 

temperature and composition. The heat transfer rate is taken as a proportion of the total cyl-

inder heat transfer rate, weighted by the mass of the NO zone. The zones are distributed 

through time by setting one zone at the start of combustion, one at maximum cylinder pres-

sure and two zones in between. An additional number of six zones are distributed between 

maximum pressure and end of combustion. 

For the calculation of NO, the reduced kinetics scheme developed by Zabetta and 

Kilpinen [185,186] was used because it was derived in the context of large marine propulsion 

Diesel engines. It involves the extended Zeldovich mechanism, a two–step N2O–intermedi-

ate path and five additional reactions, called the “N2O extension” path, which involves oxi-

dation of N2O to NO via NH and HNO intermediates. This scheme is likely to provide sig-

nificant NO production in fuel lean areas. 

Model predictions revealed that NOx trend with load is adequately captured. The 

model parameter used for tuning was the dilution factor which was adjusted with load. The 

initial equivalence ratio for combustion was assumed constant and close to stoichiometry 

(=0.96). The author states that this model can be fitted to the parent engine test data, which 

are available from the technical file of any engine certified in accordance with the NOx Tech-

nical Code [46]. Then it could be used to predict the deviation from the certified values of 

the emissions of an in–service engine, under the influence of varying operating conditions. 

The author also asserts that his model is able to provide adequate predictions of the impact 

of the major primary NOx control measures on NOx emissions and bsfc. 



Literature Review – Existing Models for NOx prediction 

77 

2.4.1.14  Borkowski Semi–Empirical,  Multi–Zone, Phenomenological 

NOx  Model for Marine Engines 

Borkowski [112] also dealt with large–scale engines. He developed a semi–em-

pirical, multi–zone, phenomenological model which uses in–cylinder measured pressure 

trace to calculate NOx emissions for marine slow–speed Diesel engines for transient opera-

tion. He defined combustion rate in functional form to match experimentally observed HRR 

profiles derived from the measured pressure trace. 

Borkowski model makes use of the basic phenomenological concepts for Diesel 

combustion by describing the three primary phases: 

 ignition delay, 

 premixed–combustion and 

 slower mixing–controlled fuel burning phase. 

The fraction of injected fuel that burns in each of these phases is empirically 

linked to the duration of the ignition delay. One algebraic function (f1) is used to describe 

the premixed HRR phase and a second one (f2) to describe the mixing–controlled phase. 

These two functions are weighted with the phase proportionality factor β, which is mostly a 

function of the ignition delay. Thus the burning rate is obtained from the Eq. (2.43): 

where mf,b is the mass of the burnt fuel, mf,o is the total fuel mass injected per cycle, t’ is the 

time from ignition, K1, K2, K3 and K4 are empirical coefficients, Φ is the overall equiva-

lence ratio and a, τid, and c are empirical constants. 

The concept of the model assumes that the liquid fuel injected into the combustion 

chamber via several jets, is divided into many small zones. All combustion events in each 

zone, namely droplet break–up, evaporation, air–fuel mixing, ignition, premixed HRR, mix-

ing–controlled HRR, heat transfer and formation of exhaust emissions, are accounted for in 

zonal temperature and composition calculation. 

The model is consisted from the following sub–models: 

 spray development model, 

 air entrainment and mixing model, 

 droplet evaporation model, 

 heat transfer model, 

𝑚𝑓,𝑏(𝑡
′)

𝑚𝑓,0
= 𝛽 ∙ 𝑓1 + (1 − 𝛽) ∙ 𝑓2 

𝑡′ =
𝑡 − 𝑡𝑖𝑔𝑛

∆𝑡𝑐𝑜𝑚𝑏
 

𝑓1 = 1 − (1 − 𝑡
′𝐾1)𝐾2 

𝑓2 = 1 − 𝑒𝑥𝑝(−𝐾3 ∙ 𝑡
′𝐾4) 

𝛽 = 1 −
𝑎 ∙ 𝛷2

𝜏𝑖𝑑
𝑐  

(2.43) 
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 combustion model and 

 NOx formation model. 

The engine combustion model is based on undisturbed turbulent gas jets, also ref-

erenced as the “Cummins model”, where Diesel spray is treated as quasi–steady gas jet pen-

etrating into gaseous environment of combustion air. The result is a continuous profile of 

fuel vapor concentration ranging from very rich at the core to very lean mixture at the pe-

riphery of the spray. The amount of fresh air, which is continuously entrained into the spray, 

is a determinant factor for the combustion and pollutant formation rates. For the calculation 

of these rates, a set of evolving discrete combustion zones is superimposed on the continuous 

calculated fuel–air distribution. This distribution is determined from semi–empirical/phe-

nomenological correlations derived from experimental spray investigations. 

The contribution of each zone to the total wall heat transfer is based on the product 

of zone mass and temperature. The change of composition and internal energy of each zone 

caused by the mixing between the zones can be determined similarly to energy and mass 

balance equations for various zones [187]. After the calculation of the temperature and com-

position of each zone, the model uses the extended Zeldovich mechanist to calculate NOx 

formation. 

The model has been validated on a seven–cylinder large–scale (10MW) test bed 

engine. It was revealed that the model is able to predict satisfactorily the exhaust NOx emis-

sions. It can also provide the NOx formation history during an engine cycle. The author notes 

that the sub–models of spray development and air entrainment have to be carefully calibrated 

to increase model predictive ability. 

2.5 The Outcome of the Literature Review 

The outcome of the presented literature review is that a significant number of 

models exists for the combustion simulation and exhaust emissions prediction for DI Diesel 

engines. These models are categorized into detailed 3D (phenomenological and CFD mod-

els), totally empirical and zero–dimensional, physically–based, semi–empirical/phenomeno-

logical models. For the reasons explained in the introduction section of this chapter (section 

2.1) and also in section 1.5 it was decided to developed a model with the characteristics of 

the third category. 

Some indicative models of this category were presented briefly in section 2.4. 

These models have been studied thoroughly from the author in order to get familiarized with 

the philosophy and rationale of this model category and spot the advantageous features and 

drawbacks of each one of these models. This investigation provided the potential to develop 

a new model that combines, selectively, some of the merits of the existing models and adopts 

new concepts, in an effort to overcome their shortcomings. 
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Specifically, the presented models in the literature review can be placed between 

the following bounds: 

 model concepts: from very simplified to very complicated ones, 

 nature: from physics–base to fully statistical/empirical, 

 computational cost: from extremely low to very high, 

 calibration effort: from small or zeroth to significant, 

 three or zero dimensional 

 designed for a specific application or for a wide range of implementation, 

 using calculated pressure trace and HRR or measured/experimental ones, 

 etc. 

Considering the previous we focused on the development of a model with the 

following characteristics: 

 prediction of the tail–pipe NOx, as well as the NOx history inside the combustion 

chamber, of DI diesel engines, 

 low computational cost, thus able to be used in real–time applications, 

 simple structure, thus easy to handle and with low calibration effort demands, 

 robust physical base, thus able to capture the effects of unexpected variations, 

 use of the measured pressure trace and the derived experimental HRR, thus able 

to account for the actual in–cylinder conditions and processes (adds to the model 

directness and hence reliability and versatility) and 

 addition of empirical concepts in order to optimize the extracted results and en-

hance its versatility. 

In the present work an effort has been made to adopt the aforementioned charac-

teristics and develop a simplified, fast, versatile and reliable, zero–dimensional, multi–zone 

model with a wide range of implementation regarding engine types (i.e. marine, automotive, 

2–stroke, 4–stroke, etc.) and engine operating conditions (i.e. account for the effect of engine 

load and speed, intake conditions, injection strategy, EGR rate and of other primary measures 

for emissions control, etc.). In the following chapter (Chapter 3), the development of the 

proposed model is comprehensively described. 
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Chapter 3 DEVELOPMENT OF THE PROPOSED 

MODEL 

3.1 Introduction 

Considering the demand of the Diesel engine field, for reliable and accurate NOx 

prediction with low computational cost and low complexity, in the present work, a simplified, 

semi–empirical, multi–zone, thermodynamic model has been developed and validated. 

Model development and validation involved through many evolution stages [188,189,56,190] 

up to its last form, presented herein. 

The proposed model utilizes the actual in–cylinder pressure trace, which can be 

easily and accurately measured and also makes use of the major engine geometry and oper-

ating parameters to estimate NOx emissions. 

From the measured pressure trace, the model calculates the heat release (HR) and 

combustion rate accounting for the chemical composition of the fuel, ideal combustion re-

actions, initial charge condition, engine operating conditions and engine geometry. From this 

analysis the elementary fuel amount burnt at each time instance can be calculated. Addition-

ally, the analysis of the pressure trace and HR rate (HRR) provides useful data such as the 

start, center and end of combustion (SOC, COC, EOC), maximum cylinder pressure, etc. 

which are also utilized in model calculations. 

After the calculation of the elementary fuel amount burnt at each time instant, the 

NOx sub–model is implemented. It is assumed that each one of these elementary fuel amounts 

forms an independent combustion zone, also comprising the requisite amount of unburnt 

charge which carries the oxidizer (i.e. O2). The zone continues to evolve in the cylinder until 

the end of closed engine cycle without exchanging mass or energy with the neighbor zones. 

NOx is calculated using the extended Zeldovich mechanism [29] which uses the zone tem-

perature, volume and composition and in–cylinder pressure. The first thermodynamic law is 

used to calculate the zone temperature and volume at each time instant. During zone gener-

ation, is assumed that the fuel burns instantaneously. Then the zone is being expanded or 

compressed (depends on in–cylinder pressure derivative) continuing to contribute to NOx 

formation until exhaust valve opening (EVO). Zone composition is calculated from combus-

tion chemistry accounting for the chemical dissociation. Pressure is assumed constant at each 

time instant and equal to the measured one. NOx is calculated for all existing zones at the 

examined time instant, hence the NOx history of each zone is obtained. From the sum of the 

zone NOx formed at each time instant, the history of the in–cylinder NOx is derived and thus, 

at the end of engine closed cycle, namely when EVO, the tail–pipe NOx is derived. 

In the following paragraphs an analytical description of the model is presented. 

Initially, the main concept of the model is described comprehensively. Then a brief descrip-

tion of pressure trace processing is provided. Thereafter, the sub–models for the determina-

tion of the initial conditions are described. A detailed HRR analysis follows and finally the 

NOx sub–model is presented. 
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3.2 Pressure Trace Processing 

3.2.1  The Motivation to Use the Measured Pressure T race 

The most essential characteristic of the proposed model is the employment of in–

cylinder measured pressure trace. The actual in–cylinder pressure trace is a powerful tool for 

the engineer because it provides significant information for the mechanisms taking place 

inside the combustion chamber. The pressure, temperature and chemical composition of the 

cylinder charge, which drive NOx formation, are determined from these mechanisms which 

comprise compression, fuel–air mixing, combustion, expansion, etc. [8,14]. The aforemen-

tioned mechanisms are directly affected from the following: 

 charge initial conditions, 

 engine geometry, 

 fuel type/properties 

 heat exchange with the cylinder wall, 

 blow–by leakages, 

 charge turbulence, 

 fuel injection profile and timing, 

 etc. 

Hence, the use of the actual in–cylinder pressure trace, which can be accurately 

and reliably measured, adds to the model the ability to account for the most important factors 

affecting combustion and thus NOx formation. This is important because the variation of 

these factors has an impact on the actual in–cylinder pressure. By using the proposed meth-

odology, the effect of this variation on NOx formation is captured by the model. 

Moreover, significant information can directly obtained from the pressure trace 

such as: 

 compression pressure, 

 maximum combustion pressure, 

 start of combustion (SOC) crank angle (CA), 

 CA of the exhaust valve opening (EVO), 

 etc. 

Furthermore, after mathematical processing, the measured pressure trace can be 

used to calculate engine indicative power, mean indicative pressure and also heat release rate 

(HRR). 

3.2.2  In–Cylinder Pressure Measurement 

The pressure trace is measured using pressure sensors (piezoelectric sensors) [191] 

which are mounted either directly on the cylinder’s head (flush mounted) or indirectly on 

the cylinder’s ventilator/pressure–duct (i.e. in large–scale engines). These sensors generate 

voltage potential strictly proportional (for a specific frequency zone) to the applied pressure. 

The obtained analog signal is then amplified and converted to digital through an 

analog to digital converter in order to be processed [191]. The pressure range of the common 
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pressure sensors used for combustion engines is 0 to 250–300 bar [192]. It should be noted 

that these sensors present a thermal drift during operation, which can be easily compensated. 

Moreover, electrical noise and noise from other sources such as digitization errors and errors 

due to dynamic phenomena close to the sensor location (i.e. due to pressure waves in the 

measuring duct [193]) may exist in the primary measurements, which can be removed using 

digital filters [194,195]. 

To utilize the measured pressure trace, it must be coupled and synchronized with 

the crank angle (CA) timing. To accomplish this, the position of the point of the pressure 

trace which corresponds to the top dead center (TDC), must be determined with maximum 

accuracy. The last can be managed either with the use of experimental/applied, either simu-

lation methods. A common method to measure the TDC is to use the pulse obtained from an 

inductive sensor when an indicator, located on the flywheel at a specific CA, cross the mag-

netic field of the sensor [25]. Alternatively, the determination of TDC can be achieved by 

using thermodynamic methods [196,197]. 

In addition, the CA timing (piston position) must be coupled with pressure sam-

pling timing. This can be achieved ideally by using a CA encoder, which is coupled on the 

engine axle. In this case, the encoder triggers the analog to digital converter to acquire a 

pressure measurement with a fixed CA step. According to this method, the pressure signal 

measurement is attained in the CA domain, namely the pressure signal is obtained at a spe-

cific CA sampling rate. This method is the most reliable and accurate one because it accounts 

for the variation of the instantaneous engine speed during the engine cycle. Although this is 

a common method used in laboratories during experiments, it is not convenient for practical 

and real–time applications because of the difficulties of the encoder coupling on the engine 

and calibration of the TDC. 

The common sampling methods are conducted in time domain and must be con-

verted in CA domain. This conversion is managed assuming constant speed during the engine 

cycle or by using correcting correlations to approach the actual speed [198]. However the 

assumption of constant speed in a specific cycle is not far from reality especially for large 

scale or/and multi–cylinder engines. Considering the previous, the sampling rate (frequency 

– fs [Hz] or [s-1]) is determined from the engine speed (N [rpm]) and the desirable angle 

resolution (Δθ [°]) as described in Eq. (3.1): 

Finally, many methods exist for the pegging of measured pressure trace, namely 

for the calculation of the absolute pressure (e.g. making use of the measured scavenging 

pressure) which can be found in literature [199]. The actual absolute pressure is calculated 

from Eq. (3.2): 

In the previous expression, pi is the pressure [bar] in a specific time step i, Vi [V] is the 

digitalized voltage of the respective point, Vpeg is the voltage at the pegging point, ppeg. is the 

𝑓𝑠 =
360°

𝛥𝜃
∙
𝑁

60
𝑠
𝑚𝑖𝑛

=
6 ∙ 𝑁

𝛥𝜃
 (3.1) 

𝑝𝑖 = 𝐶 ∙ (𝑉𝑖 − 𝑉𝑝𝑒𝑔.) + 𝑝𝑝𝑒𝑔. (3.2) 
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known pegging pressure and C [bar/V] is the sensor calibration constant provided from the 

manufacturer. 

In the present work only steady–state engine operation was examined. Thus, for 

the examined operating points, the pressure trace of the examined cylinder is derived from 

the average of approximately 20–100 consecutive engine cycles depending on the applica-

tion (higher number for higher speed engines) [191,194,200,201] aiming to attenuate the 

errors due to cyclical variation, signal noise and sampling procedure errors. The final pres-

sure traces of all cylinders can be used for more detailed analysis, however the pressure trace 

of a representative cylinder can be used as the “average cylinder” assuming that the other 

cylinders have similar behavior. The last, is a common technic for automotive engines. 

In the present study, the aforementioned pressure trace pre–processing was at-

tained from an in–house, well validated diagnostic tool, for a part of the test cases examined. 

These measurements where accomplished on–board in ships and in real–time at power sta-

tions during actual engine operation. The remaining part of measurements were provided 

from AVL and ETH during cooperation under an EU funded project. These measurements 

were obtained under controlled – laboratory conditions and the pre–processing was done 

from the provider. 

3.2.3  Smoothing the Measured Pressure Trace 

After the measurement of in–cylinder pressure and its pre–processing described 

in section 3.2.2, the pressure trace may not yet be appropriate for utilization due to the re-

maining signal noise, which is intensified in pressure derivatives. This is because the pres-

sure diagram spikes (discontinuities) result in high differences between consecutive (regard-

ing CA) pressure values which in turn result in high pressure derivatives, since they are cal-

culated using finite differences schemes. The pressure derivatives have a major role in the 

calculation of SOC and HRR. For this reason the pressure trace has to be filtered. 

In the present study three smoothing methods, namely low–pass filters, were 

tested: 

 Moving average: this method makes use of the pressure points comprised in a 

predefined sampling window (filter width) around the examined point and calcu-

lates the average value without using weighting factors. This action is repeated 

consequently for each point in order to construct the smoothed trace. 

 Median: according to this method the pressure values of the points comprised in 

a predefined sampling window around the examined point are rearranged in as-

cending order. The chosen value for the smoothed trace is the one in the center of 

this order. 

 Savitzky–Golay [202]: this method is similar with the moving average method 

however, it uses weighting factors for the points comprised in the filter window 

to calculate the smoothed value of the examined point. The use of these factors 

(convolution coefficients) is exactly equivalent to fitting the data to a polynomial. 

Each one of the aforementioned smoothing methods present pros and cons. Mov-

ing average is the fastest method comparing with the others but trends to underestimate local 
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maximums and minimums. Savitzky–Golay method is not as aggressive as the moving av-

erage method and provides much better results because it does not address to all values com-

prised in the sampling window the same significance. Also, the smoothed pressure derivative 

can be directly provided from the raw pressure data. The gist of the Savitzky–Golay filter is 

that it regress a polynomial through the raw values comprised in the filter window using 

least squares method and hence the smoothed value is the one provided from this polynomial. 

In addition, an extended investigation described in Ref. [203] comparing Savitzky–Golay 

filter with zero–phase and butterworth filters, has indicated that the Savitzky–Golay filter is 

the most appropriate for smoothing the pressure trace. On the contrary, the Median filter is 

appropriate for pressure traces that present noise with high amplitude – spikes. However, 

this filter cause problems at the points of SOC and maximum pressure where significant 

variations of pressure occur. It should be only used during the late expansion and exhaust 

phases. 

The quality of the smoothed pressure diagram is strongly dependent on the width 

of the filter window and the quality of the raw diagram. Small windows result in poor 

smoothing. However, wider windows cause exorbitant smoothing and important character-

istics of the pressure trace may be lost or miscalculated, such as SOC and maximum com-

bustion pressure, and also significantly deform the entire pressure trace and hence distort the 

HRR diagram. For these reasons the sample window should be chosen with care. 

In this work, the Savitzky–Golay filter was used because it provided adequate 

smoothing for both, pressure and pressure derivative traces. The filtering window was cho-

sen in order to attain adequate quality for pressure derivative and HRR diagrams for the 

examined cases. 

At next the Savitzky–Golay smoothing method is described in brief. A compre-

hensive presentation of the method can be found in Refs [202,204,205,206,207]. The algo-

rithm used in the present work is based on the guidelines of Ref. [207]. 

In order to use a digital filter, the raw pressure data pi = p(CAi) must be equally 

spaced. The filter width is defined from a left and right window comprising nL and nR raw 

measurement points respectively around the center point which is the one to be smoothed. 

The smoothed value p_SMi at CAi results from the implementation of the filter as described 

in Eq. (3.3): 

where cn are the Savitzky–Golay coefficients. These coefficients represent the weighting 

factors and are obtained from the convolution of the polynomial used to regress the raw 

measured values, as mentioned before. Savitzky A. and Golay M. J. E. have proven that 

these convolution coefficients are unique and independent of the input data. The set of con-

volution coefficients depends only on the order of the regression polynomial used and on the 

length of left and right sample windows. Namely, the smoothed value which would had been 

derived from the polynomial resulted from the regression of the raw measured values in the 

filter window, is now equivalently calculated from Eq. (3.3) using the convolution coeffi-

cients cn which are constant for the entire spectrum of the measured raw values. Another 

𝑝_𝑆𝑀𝑖 = ∑ 𝑐𝑛 ∙ 𝑝𝑖+𝑛

𝑛𝑅

𝑛=−𝑛𝐿

 (3.3) 
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important advantage of Savitzky–Golay smoothing method is the direct calculation of the 

smoothed pressure derivative from the raw measured pressure trace using the corresponding 

convolution coefficients. The detailed mathematical analysis of this method can be found in 

the relevant literature [202,207]. 

3.3 Prerequisite Calculations for the Heat Release Rate and 

NO models 

3.3.1  Required Inputs for the Model and Initial Conditions 

The major inputs for the proposed NO model is the combustion rate (i.e. the fuel 

amount burnt in each instance) calculated using the measured pressure trace via a heat re-

lease rate (HRR) analysis, basic engine geometry i.e.: 

 number of cylinders, 

 cylinder bore, 

 cylinder stroke, 

 connecting rod length, 

 crank radius, 

 compression ratio, 

 engine type: 2 or 4–stroke, 

 CA at start of compression – beginning of closed engine cycle and 

 CA at the end of expansion phase, namely at EVO – end of closed cycle 

and engine operating characteristics such as: 

 engine speed, 

 fuel mass flow, 

 intake air or exhaust gas mass flow, 

 exhaust gas recirculation rate (EGR), 

 scavenging (at inlet manifold) temperature and 

 scavenging pressure. 

Nevertheless, to achieve a robust physical approach and attain more reliable and 

representative results, the initial conditions parameters should be determined with the max-

imum possible accuracy. These parameters are: 

 the trapped mass in the cylinder and 

 the chemical composition of the trapped mass before SOC. 

The aforementioned calculations require, among others, the following data for ambient con-

ditions: 

 temperature, 

 pressure, 

 relative humidity and 

 chemical composition (the typical air composition is assumed). 

The fuel type, lower heating value (LHV) and chemical composition (carbon C, 

hydrogen H, sulfur S, oxygen O and nitrogen N mass content) are used indirectly for the 
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calculation of the initial conditions (e.g. intake mass flow rate calculation, composition of 

RG, EGR fractions) and later in the main algorithm, in both models, HRR and NO. 

At this point, it is noted that both models use iteration procedures and hence in 

order to reduce calculation time, the arrays which are only a function of CA are calculated 

only once. These arrays are the following: 

 cylinder pressure (derived from smoothing model – section 3.2.3), 

 pressure derivative (derived from smoothing model – section 3.2.3), 

 cylinder volume and 

 cylinder wall area. 

Engine geometry and engine speed are used for the calculation of the last three arrays, as 

described in section 3.3.4. 

3.3.2  Fuel Mass Distribution to each Engine Cylinder per Cycle 

As mentioned in the previous section (3.3.1), the fuel and air mass flow rates [kg/h] 

are obtained from the input data. The fuel mass flow rate can be obtained from: 

 Direct measurement in [m3/h] using a volumetric flow–meter and the temperature 

of the fuel at the point of the measurement. The last, is used for the calculation of 

fuel density [kg/m3] via an empirical correlation. The coefficients of this correla-

tion depend on fuel type. Thereafter, the fuel volume flow and its calculated den-

sity are used to calculate the fuel mass flow rate in [kg/h] unit. 

 Direct measurement in [kg/h] using a mass flow–meter. The operating principle 

of these flow–meters is based on Coriolis Effect. 

 Validated simulation model, which uses the measured in–cylinder pressure trace 

via HRR analysis to calculate the burnt fuel throughout an engine cycle. 

 Mapped fuel mass flow rate (i.e. stored in engine’s ECU) which is a function of 

engine operating conditions (i.e. power, speed, etc.). 

In the present work, for the large–scale engines examined, the estimated values 

of the fuel mass flow rate were used, provided from a validated [208] in–house diagnostic 

system [209,210,138,132], since the direct fuel flow rate measurement is difficult for these 

engines, especially when the measurements are performed on–board. For the examined au-

tomotive engines (passenger car and truck engines), the available laboratory measurements 

were used, which were accomplished using a volumetric flow meter. 

Specifically for the large–scale engines where the pressure traces of all engine 

cylinders have been measured, the engine fuel flow rate should be distributed to each cylin-

der. This is imperative, since each cylinder may has different fuel consumption. This can be 

attributed to a number of reasons i.e. wear of cylinder, injection beck and/or fuel pump, 

inappropriate adjustments, etc. It is emphasized that, regarding the examined large–scale 

engines, each cylinder is fueled with its own individual fuel pump which is mechanically 

controlled. Considering the previous, a simple concept for the distribution of the total fuel 

mass flow to the cylinders is adopted: The net HRR (NHRR) of each cylinder is calculated, 

using the corresponding pressure trace, via Eq. (3.29), as described in section 3.4.2 and from 

this, the cumulative net HR (CNHR) is derived. Then, the CNHR values of each cylinder at 
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the end of combustion (EOC), which is determined from the tail of net HRR diagram as 

described in section 3.4.6, are summed up in order to calculate the total theoretical energy 

released resulted from the combustion of total injected fuel (neglecting heat losses through 

cylinder wall). Thereafter, the ratio between each cylinder’s CNHR at EOC and the respec-

tive total one is calculated. Then the fuel mass flow of each cylinder is calculated from the 

product of the corresponding ratio and the known total engine fuel flow rate. The procedure 

is described in Eq. (3.4). 

In the previous expression, 𝑚̇𝑓 [kg/h] denotes the fuel mass flow, subscripts m 

and eng indicate the sequence number of the examined cylinder and the engine respectively 

and ncyl the number of cylinders. 

It is noted that the aforementioned calculation omits the cylinder wall heat ex-

change since its calculation would require measured injected fuel amount per cylinder for 

the calibration of the wall heat exchange model used, which is described in section 3.4.7. 

However, this concept provides an adequate indication for the fuel distribution to the cylin-

ders, since the percentage of heat losses is small compared to the total fuel energy released 

and also heat losses fluctuation from cylinder to cylinder is not significant, thus the error is 

negligible. 

3.3.3  Intake Air Mass Flow Rate 

The intake air mass flow rate [kg/h] can be obtained from: 

 Direct measurement of the intake air flow [m3/h] using a flow–meter in combina-

tion with ambient temperature, pressure and humidity measurement to calculate 

the air mass flow via equation of state for ideal gas. If exhaust gas recirculation 

(EGR) is used, the EGR composition and EGR rate, which is determined from the 

EGR valve position, are also accounted for. 

 The intake air mass flow, EGR rate and the estimated residual gas (RG) fraction 

can directly obtained from engine ECU where are mapped as functions of engine 

speed and load (rack position – fuel mass flow). 

 Direct estimation of intake air mass flow using the measured pressure and tem-

perature at intake manifold and the in–cylinder pressure via a simplified zero–

dimensional model [211,212]. 

 Indirect estimation using the measured exhaust oxygen content (e.g. by using ox-

ygen/lambda sensor). 

 Calculation of intake air mass flow using the measured fuel mass flow and exhaust 

gas flow. The last is calculated using the stack diameter (area), exhaust gas density 

and velocity. The gas velocity can be directly measured using a pitot tube [213]. 

 Indirect estimation of intake air mass flow using exhaust emissions measurement 

derived from an emissions analyzer. From this measurement combined with the 

use of fuel mass flow and ambient conditions, the exhaust mass flow can be cal-

𝑚̇𝑓𝑚
= 𝑚̇𝑓𝑒𝑛𝑔

∙
𝐶𝑁𝐻𝑅𝐸𝑂𝐶𝑚

∑ 𝐶𝑁𝐻𝑅𝐸𝑂𝐶,𝑚
𝑚=𝑛_𝑐𝑦𝑙
𝑚=1

 (3.4) 
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culated via the carbon balance method as described in Appendix a [46], or car-

bon/oxygen balance method [8,214,215]. Apparently, the air mass flow rate is 

derived from the subtraction of fuel mass flow rate from the exhaust mass flow 

rate. 

In the present study, for the large–scale engines, the last mentioned method was 

used. On the contrary, the first method was used for the automotive engines where laboratory 

measurements were available. Furthermore, the mass flow rates are converted from [kg/h] 

to [kg/cycle] units, since the model calculations correspond to a single engine cycle. This is 

achieved using Eq. (3.5): 

where str. is the number of strokes in the engine cycle, 4 for the 4–stroke engines and 2 for 

the 2–stroke engines and N [rpm] is the engine speed.  

3.3.4  Calculation of Cylinder Volume, Wall Area and Piston Speed 

as Functions of Piston Position 

The cylinder volume (V [m3]), exposed area to the in–cylinder charge (Acyl [m2]) 

and piston speed (Sp [m/°]), as functions of piston position (CA), are utilized in both, HRR 

and NO models. Moreover, these data are only a function of CA thus they are calculated only 

once for each operating point to save computational time. Once they have been calculated, 

they are stored next to pressure and pressure derivative arrays in a data file to be used from 

these models. 

For the calculation of the cylinder volume and area as a function of CA, the piston 

displacement as a function of CA should be calculated at first. In the present work, the max-

imum piston displacement, which appears at the bottom dead center (BDC) and which is 

equal with the cylinder stroke, corresponds to 0° i.e. 0° ABDC. The piston displacement is 

described from Eq. (3.6): 

𝑚̇(𝑘𝑔/𝑐𝑦𝑐𝑙𝑒) = 𝑚̇(𝑘𝑔/ℎ) ∙
𝑠𝑡𝑟.

120 ∙ 𝑁
 (3.5) 

𝑥𝑖 = 𝑅 ∙ (1 + 𝑐𝑜𝑠 (
𝜋 ∙ 𝜃𝑖
180

)) + 𝐶𝑅𝐿 ∙ (1 − √1 − (
𝑅

𝐶𝑅𝐿
∙ 𝑠𝑖𝑛 (

𝜋 ∙ 𝜃𝑖
180

))

2

) (3.6) 
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The cylinder volume (Vcyl) and area (Acyl) are calculated from Eq. (3.7) and Eq. 

(3.8) respectively. For these calculations, the assumption of flat piston crown and cylinder 

head is adopted. 

The piston speed (Sp [m/°]) is derived from the derivative of piston displacement 

as described in Eq. (3.9): 

In the previous expressions, subscript i denotes the current calculation step, θ corresponds 

to CA [° ABDC], R [m] is the crank radius, CRL [m] is the connecting rod length, D [m] and 

S [m] are the cylinder bore and stroke respectively, CR is the engine compression ratio and 

Vc [m3] is the cylinder clearance volume. 

3.3.5  Calculation of Initial Conditions for Large–Scale, 2–Stroke 

Engines – Scavenging Model Description 

The initial conditions required for the calculations regarding the large–scale, 2–

stroke engines are the trapped charge mass, its chemical composition and temperature at the 

start of compression, namely when the exhaust valve closes (EVC). 

The calculation of the initial conditions for this type of engines is a difficult issue 

because the exhaust phase period is much smaller compared to the one of 4–stroke engines, 

thus the scavenging process has to be considered for. The scavenging process is not as ef-

fective as the corresponding one in 4–stroke engines where exhaust gases are displaced by 

the piston upwards move. Thus, a significant amount of residual exhaust gas (RG) remains 

in the combustion chamber. Moreover, only a part of the delivered fresh air is trapped inside 

the combustion chamber since an important amount (up to 50% [216]) is lost during the 

scavenging procedure. The high amount of RG results in an increase of temperature at the 

intake phase and thus deterioration of engine volumetric efficiency and also decrease of O2 

concentration, which induce deterioration of engine performance. The lower amount of 

trapped mass also worsens performance. On the contrary, the RG behaves as internal EGR, 

𝑉𝑐𝑦𝑙𝑖 = 𝑥𝑖 ∙ 𝜋 ∙
𝐷2

4
+ 𝑉𝑐 

𝑉𝑐 =
𝜋 ∙
𝐷2

4 ∙ 𝑆

𝐶𝑅 − 1
 

(3.7) 

𝐴𝑐𝑦𝑙𝑖
= 𝜋 ∙ 𝐷 ∙ (𝑥𝑖 +

𝑉𝑐

𝜋 ∙
𝐷2

4

) + 2 ∙ 𝜋 ∙
𝐷2

4
 (3.8) 

𝑆𝑝𝑖 =
𝑑𝑥𝑖
𝑑𝜃
=
𝜋

180
∙ 𝑅 ∙ 𝑠𝑖𝑛 (

𝜋 ∙ 𝜃𝑖
180

) ∙

(

 
 
 𝑅

𝐶𝑅𝐿⁄ ∙ 𝑐𝑜𝑠 (
𝜋 ∙ 𝜃𝑖
180 )

√1 − (
𝑅
𝐶𝑅𝐿 ∙ 𝑠𝑖𝑛 (

𝜋 ∙ 𝜃𝑖
180 ))

2
− 1

)

 
 
 

 (3.9) 
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thus it tends to mitigate NO formation. Considering the previous, it is deduced that the scav-

enging procedure in 2–stroke engines is important since it severely affects performance and 

NOx emissions and thus, in the present study, it is simulated using the scavenging model 

described at next. 

To estimate the initial conditions for 2–stroke engines, a perfect–mixing, non–

isothermal scavenging model is used as described in Ref. [9,146] with some modifications. 

The charge composition, temperature and trapped mass at EVC are calculated using an iter-

ative procedure. The in–cylinder charge is assumed to behave as an ideal gas in the following 

calculations. In these calculations, the in–cylinder volume and pressure at the following CA 

events are utilized: at EVC, exhaust valve open (EVO) and end of blow down period2 

(EOBD). The corresponding volumes are calculated from Eq. (3.7) as described in section 

3.3.4 and the corresponding pressures are derived from the in–cylinder measured pressure 

trace, as the average of the pressure values which correspond to the examined CA event and 

its 2 previous and 2 ahead neighbor values. 

At first, the delivery ratio (Λ) is calculated as described in Eq. (3.10) [9]: 

In the previous relation, “fresh air mass delivered” corresponds to the engine’s intake am-

bient air [kg/cycle] and m0 is the reference air mass. 

“fresh air mass delivered” is calculated as the difference between the exhaust 

mass (calculated from carbon balance method [8,214,215], see section 3.3.3) and the known 

fuel mass flow. m0 is calculated from the state equation for ideal gases using manifold (scav-

enging) pressure (pscav [Pa]) and temperature (Tscav [K]), ambient air composition (wet air 

(MWair,wet [kg/kmole]), i.e. accounting for the measured air humidity), the cylinder volume 

at EVC (VEVC [m3]) and the number of cylinders (ncyl) as described in Eq. (3.11). 𝑅̅ = 8314 

[J/kmol/K] is the universal gas constant. 

𝑚0 =
𝑝𝑠𝑐𝑎𝑣 ∙ 𝑉𝐸𝑉𝐶

𝑅̅
𝑀𝑊𝑎𝑖𝑟𝑤𝑒𝑡

∙ 𝑇𝑠𝑐𝑎𝑣

∙ 𝑛𝑐𝑦𝑙 (3.11) 

As already mentioned, the calculation of the composition of the trapped mass in-

side the cylinder, which is composed from fresh (ambient) air and residual gas (RG), is esti-

mated by incorporating the aforementioned scavenging model. This model suggests that the 

scavenging efficiency (ηsc) is given from Eq. (3.12): 

                                                 

2 blow down period is the period from the exhaust valve opening to the scavenging port opening (SPO) 

Λ =
𝑚𝑎𝑠𝑠⁡𝑜𝑓⁡𝑓𝑟𝑒𝑠ℎ⁡𝑎𝑖𝑟⁡𝑑𝑒𝑙𝑖𝑣𝑒𝑟𝑒𝑑

𝑚0
 (3.10) 

𝑚𝑎𝑠𝑠⁡𝑜𝑓⁡𝑓𝑟𝑒𝑠ℎ⁡𝑎𝑖𝑟⁡𝑖𝑛⁡𝑡ℎ𝑒⁡𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟

𝑡𝑜𝑡𝑎𝑙⁡𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟⁡𝑚𝑎𝑠𝑠
= 𝜂𝑠𝑐

𝑘 = 1 −
𝑇𝐸𝑉𝐶
𝑘−1

𝑇𝐸𝑂𝐵𝐷
𝑘−1 ∙ 𝑒

−Λ (3.12) 
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where TEVC [K] is the temperature at EVC and TEOBD [K] is the temperature at EOBD period. 

ηsc corresponds to the fraction of trapped mass occupied by ambient air. Superscript k corre-

sponds to the current iteration sequence number. 

The residual gas fraction (RG) is composed from exhaust gas (xexh, yexh, MWexh) 

derived from ideal combustion (using the cylinder mean equivalence ratio and neglecting 

dissociation) of the entire fuel amount via the combustion procedure described in section 

3.4.5. RG mass fraction is calculated via Eq. (3.13): 

The charge composition and molecular weight (MW) are then calculated as de-

scribed in Eq. (3.14): 

where x is the mole and y is the mass fraction of the jth species in the charge, MW, yair and 

yexh are the molecular weight, ambient air and exhaust mass fraction respectively. Subscript 

ch denotes the unburnt charge.  

The new temperature of trapped mass at EVC is calculated from Eq. (3.15) [146] 

as follows: 

where Tsc [K] and TEOBD [K] are the temperatures at inlet manifold and EOBD period re-

spectively. 

The trapped mass (𝑚𝐸𝑉𝐶
𝑘  [kg]) is calculated from the state equation for ideal gases 

as described in Eq. (3.16): 

where 𝑅̅ = 8314 [J/kmol/K] is the universal gas constant, p [Pa] and V[m3] are the cylinder 

pressure and volume at EVC. 

Then, the charge mass at EVO (𝑚𝐸𝑉𝑂) is calculated as the sum of trapped mass at 

EVC (𝑚𝐸𝑉𝐶) and the injected fuel mass in each cylinder ([kg/cycle]), which is calculated 

from Eq. (3.4) in section 3.3.2, assuming negligible mass losses due to blow–by effect. 

𝑅𝐺𝑘 = 1 − 𝜂𝑠𝑐
𝑘  (3.13) 

𝑦𝑗
𝑘 = 𝜂𝑠𝑐

𝑘 ∙ 𝑦𝑎𝑖𝑟,𝑗 + 𝑅𝐺
𝑘 ∙ 𝑦𝑒𝑥ℎ,𝑗 

𝑥𝑗
𝑘 =

𝑦𝑗
𝑘

𝑀𝑊𝑗
∙ (∑

𝑦𝑗
𝑘

𝑀𝑊𝑗
𝑗

)

−1

 

𝑀𝑊𝑐ℎ
𝑘 =∑ 𝑥𝑗

𝑘 ∙ 𝑀𝑊𝑗
𝑗

 

(3.14) 

𝑇𝐸𝑉𝐶
𝑘 =

𝑇𝑠𝑐

1 − (1 −
𝑇𝑠𝑐
𝑇𝐸𝑂𝐵𝐷
𝑘−1 ) ∙ 𝑒

−Λ

 
(3.15) 

𝑚𝐸𝑉𝐶
𝑘 =

𝑝𝐸𝑉𝐶 ∙ 𝑉𝐸𝑉𝐶

𝑅̅
𝑀𝑊𝑐ℎ

𝑘 ∙ 𝑇𝐸𝑉𝐶
𝑘

 
(3.16) 
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Afterwards, the mass at EOBD (mEOBD) is calculated via Eq. (3.19) [146], which 

is derived from the first thermodynamic law assuming adiabatic process, zero back flow into 

the cylinder at blow–down period and constant specific heats as described in Eq. (3.17), in 

combination with the differential form of the equation of state, as described in Eq. (3.18): 

In the previous expressions, cp [J/kg/K], γ, R [J/kg/K] are the specific heat capac-

ity at constant pressure, isentropic exponent and gas constant (𝑅 = 𝑅̅/𝑀𝑊𝑒𝑥ℎ) of the exhaust 

gas respectively. cp/R is calculated from NASA polynomial approximation [180] as de-

scribed in Appendix d. 

Thereafter, the updated value of TEOBD is calculated from Eq. (3.20): 

The iterative procedure continues until the value of RG converges. 

3.3.6  Calculation of Initial Conditions for Large–Scale 4–Stroke 

Engines 

For 4–stroke, large–scale, DI Diesel engines, the composition of the charge at the 

start of compression is assumed to be identical to the ambient air because the RG is signifi-

cantly lower when compared to 2–stroke engines since the scavenging efficiency is consid-

erably higher [9]. The calculation of the temperature at compression initiation (TIVC), namely 

at intake valve closure (IVC), is a difficult issue due to lack of measurements or validated 

predicting models for engines of this scale. According to the literature and experience, the 

temperature of the trapped charge mass at the start of compression phase, namely at IVC, is 

higher than Tsc because the incoming air is heated from the cylinder wall and the RG retained 

in the chamber from the previous combustion cycle. However, this temperature increase is 

relatively low because the wall and RG temperature variation with engine power is small. 

𝑑𝑄 = 𝑑𝐻 − 𝑉 ∙ 𝑑𝑝
𝑎𝑑𝑖𝑎𝑏.
⇒    𝑉 ∙ 𝑑𝑝 = 𝑑𝐻 = 𝑚 ∙ 𝑐𝑝 ∙ 𝑑𝑇 ⇒ 𝑚 ∙ 𝑑𝑇 =

𝑉

𝑐𝑝
∙ 𝑑𝑝 (3.17) 
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𝑐𝑝𝑘−1 − 𝑅
 

(3.19) 

𝑇𝐸𝑂𝐵𝐷
𝑘 =

𝑝𝐸𝑂𝐵𝐷 ∙ 𝑉𝐸𝑂𝐵𝐷

𝑅̅
𝑀𝑊𝑒𝑥ℎ

∙ 𝑚𝐸𝑂𝐵𝐷
𝑘

 
(3.20) 
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Nonetheless, wall and RG temperatures are slightly increased with engine power. Further-

more, stationary engines, which are used for power generation, operate at a constant speed 

and hence the effect of this parameter on the initial temperature of trapped mass is lower and 

thus can be neglected. Considering the previous, in the present work and for the specific 

engine type, TIVC was estimated using a linear correlation which involves Tsc and engine 

power (P) as described in Eq. (3.21): 

where PN in the engine nominal power. After the calculation of TIVC, the trapped mass at the 

start of compression is calculated using the ambient air composition, the cylinder volume 

and measured pressure at IVC via the equation of state for ideal gases. 

3.3.7  Calculation of Initial Conditions for Automotive 4–Stroke 

Engines 

The automotive engines examined herein correspond to a passenger car and a 

truck. Both are DI Diesel engines using common rail fuel injection, supercharging and EGR 

system. The passenger car engine also uses pilot fuel injection. The measurement data for 

these engines were obtained from detailed laboratory measurements. The data utilized for 

the determination of initial conditions are: 

 the pressure trace diagram of the “average” (representative) cylinder, 

 engine speed, 

 intake air mass flow, 

 fuel mass flow, 

 fuel H/C malar ratio, 

 EGR mass fraction, 

 residual gas (RG) mass fraction, 

 intake manifold pressure and 

 ambient temperature and relative humidity or humidity in [g water/kg dry air]. 

The required initial conditions are the unburnt charge mass and composition be-

fore combustion initiation. The composition of the unburnt charge (zone) is assumed to re-

main unchanged from IVC to SOC. The in–cylinder trapped mass during an engine cycle 

(𝑚𝑡𝑟[𝑘𝑔] = 𝑚̇𝑡𝑟 [
𝑘𝑔

𝑐𝑦𝑐𝑙𝑒
] ∙ 1[𝑐𝑦𝑐𝑙𝑒]) and its composition are calculated using the intake air 

flow rate (𝑚̇𝐼𝐴 [kg/h]), EGR and RG mass fractions and fuel composition (H/C) which are 

provided as input data. The trapping efficiency is assumed equal to unity (realistic for 4–

stroke engines) thus the delivered mass (in intake manifold:⁡𝑚̇𝐼𝑀[kg/h]) equals to the trapped 

𝑇𝐼𝑉𝐶 = 𝑇𝑠𝑐 + 30 + 30 ∙
𝑃

𝑃𝑁
 (3.21) 
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mass, which is calculated from Eq. (3.22) where ncyl is the number of cylinders and N is the 

engine speed [rpm]: 

The composition of EGR and RG gases is assumed identical to the one of exhaust 

gas which is derived from ideal combustion using the cylinder mean equivalence ratio ac-

cording to the combustion concept described in section 3.4.5. Then, the final composition of 

the charge is calculated, using EGR, RG and ambient air fractions and their composition as 

described in Eq. (3.23): 

where FA denotes the fresh air mass fraction, subscript ch corresponds to the trapped charge 

and j to the species considered, which in this case are the O2, N2, CO2 and H2O. 

3.4 Heat Release Rate and Fuel Burnt Rate Calculation 

3.4.1  Importance of the Heat Release Rate Analysis  

In the present study the heat release rate (HRR) is calculated from the first ther-

modynamic law using the in–cylinder measured pressure trace (experimental HRR). The 

analysis of the experimental HRR contributes to the emergence of information for the com-

bustion mechanism which is directly reflected in the measured in–cylinder pressure trace as 

described in section 3.2.1. Other researchers use simulation models to predict the HRR and 

𝑚̇𝑡𝑟 = 𝑚̇𝐼𝑀 + 𝑚̇𝑅𝐺 

𝑚̇𝐼𝑀 = 𝑚̇𝐼𝐴 + 𝑚̇𝐸𝐺𝑅 

𝑚̇𝐸𝐺𝑅 = 𝐸𝐺𝑅 ∙ 𝑚̇𝐼𝑀 

𝑚̇𝑅𝐺 = 𝑅𝐺 ∙ 𝑚̇𝐼𝑀 

𝑚𝑡𝑟 =
𝑚̇𝐼𝐴

𝑛𝑐𝑦𝑙 ∙ 𝑁 ∙ 30
∙
1 + 𝑅𝐺

1 − 𝐸𝐺𝑅
 

(3.22) 

𝐹𝐴 =
𝑚̇𝐼𝐴
𝑚̇𝑡𝑟

 

𝐸𝐺𝑅 =
𝑚̇𝐸𝐺𝑅
𝑚̇𝑡𝑟

 

𝑅𝐺 =
𝑚̇𝑅𝐺
𝑚̇𝑡𝑟

 

𝑦𝑐ℎ𝑗 = 𝐹𝐴 ∙ 𝑦𝑎𝑖𝑟,𝑗 + (𝐸𝐺𝑅 + 𝑅𝐺) ∙ 𝑦𝑒𝑥ℎ,𝑗 

𝑥𝑐ℎ𝑗 =
𝑦𝑐ℎ𝑗

𝑀𝑊𝑗
∙ (∑

𝑦𝑐ℎ𝑗

𝑀𝑊𝑗
𝑗

)

−1

 

𝑀𝑊𝑐ℎ =∑ 𝑥𝑐ℎ𝑗 ∙ 𝑀𝑊𝑗
𝑗

 

(3.23) 
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from this they calculate the pressure trace. However, by this way the aforementioned advan-

tageous feature of directness does not exist. 

The experimental HRR provides useful information for the combustion events 

taking place inside the combustion chamber such as start of main combustion, detection of 

smaller combustion events due to pilot or post injection, distinguishing of the premixed (if 

exists) and diffusion phase, provides the position (CA) of SOC, maximum HRR and EOC. 

Moreover, HRR provides an overview of combustion evolution inside the cylinder which is 

essential during combustion optimization procedures for the improvement of engine perfor-

mance and emissions control. In general, the HRR provides a realistic representation for the 

combustion mechanism. 

The fuel burnt rate is directly obtained from the division of HRR with the fuel 

lower hating value (LHV), assuming ideal combustion efficiency, which is very close to re-

ality especially for Diesel engines. Namely, the fuel fraction burnt in each CA interval is 

calculated. The proposed model makes use of a time–CA discretization of the burnt fuel to 

generate combustion zones at each instant. Furthermore, the cumulative HR (CHR) diagram 

and burnt fuel fraction can be created. In these diagrams the evolution of combustion is also 

depicted, namely the SOC, COC, EOC, slope of the curve, etc. An indicative schematic de-

scription of the net and gross HRR and CHR is depicted in Fig. 3.1. The fuel burnt at each 

CA instant and the cumulative fuel burnt is depicted in Fig. 3.2: 

  

Figure 3.1: Net and gross HRR, CHR and the provided 

combustion information. 
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Figure 3.2: Fuel mass burnt and percentage of the total 

(cumulative) burnt fuel at each CA. 

In the section below, the method followed for the HRR calculation is presented. 

3.4.2  Analytical Description of the Heat Release Rate Model 

The HRR model used in the present work is a single–zone, zero–dimensional, 

thermodynamic model which makes use of the actual in–cylinder pressure trace. After 

smoothing of the measured pressure trace, as described in section 3.2.3, it is utilized in the 

calculation of the experimental HRR using the first thermodynamic law, combustion chem-

istry, cylinder geometry (volume), initial conditions of the trapped charge and a semi–em-

pirical correlation for the heat exchange between the cylinder charge and wall.  

The HRR analysis is valid only during combustion. Thus the SOC and EOC have 

to be calculated. For this reason, an initial estimation of the SOC is attained directly from 

the pressure trace as described in section 3.4.4. Nevertheless, the analysis showed that the 

model for the estimation of initial SOC usually locates SOC slightly earlier than the actual 

one. Hence, the HRR calculations begin from this initial SOC value by applying the first 

thermodynamic law assuming constant charge mass and composition. At the time when the 

heat term (see Eq. (3.29)) becomes positive, namely when combustion occurs, the actual 

SOC is defined. From that time on the calculations continue until and end of expansion, 

which is defined as the CA where the exhaust valve opens (EVO), accounting for combustion 

and its effect on charge composition. The EVO is provided as an input. The EOC is calcu-

lated finally, with the method described in section 3.4.6.  

Initially, the CA interval (Δθ [°]) is calculated by subtracting two consecutive CA 

values of the provided CA–p file. The CA – pressure points must be equidistance (i.e. Δθ is 

constant). In addition, the values of CA are distinguished in integer calculation steps together 

with the corresponding variables i.e. pressure, volume, etc. 

The initial charge mass and its chemical composition are obtained from the initial 

conditions calculations described in section 3.3. Moreover, is assumed that during the period 

from start of compression until SOC, the trapped mass remains constant despite the blow–

by mass losses which are considered negligible. Furthermore, the charge chemical compo-
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sition during this period remains unchanged since no combustion occurs. Hence, before com-

bustion commencement the charge mass and composition is the one determined from the 

initial conditions. The molecular weight and the total number of moles of the charge, are 

calculated from Eq. (3.24) and Eq. (3.25) respectively: 

In the previous expressions MW [kg/kmol] is the molecular weight, x [kmol/kmol] 

is the molar fraction of each species comprised in the charge, m [kg] is the mass and n [kmol] 

is the number of moles. Subscript ch denotes the cylinder’s charge, i the current CA step and 

j the sequence number of each species: (1) for O2, (2) for N2, (3) for CO2, (4) for H2O, (5) 

for Ar and (6) for SO2. For the automotive engines only the first four species were taken into 

account. 

The initial temperature of the trapped charge, namely its temperature at the CA 

step just before SOC, is calculated via the ideal gas state equation described in Eq. (3.26), 

using its number of moles (n) calculated from Eq. (3.25), the respective combustion chamber 

volume (see section 3.3.4) and the respective measured pressure. 

In the previous expression, T [K] is the temperature, p [Pa] is the measured in–

cylinder pressure, V [m3] is the cylinder’s volume, n [kmol] is the number of moles and 𝑅̅ =

8314⁡
𝐽
𝑘𝑚𝑜𝑙⁡𝐾⁄  is the universal gas constant for ideal gases. Subscript i denotes the exam-

ined CA step. 

Then, the specific enthalpy h [J/kmol] of each species comprised in the charge 

(ch) is calculated using the charge temperature (T [K]) via the NASA polynomial approxi-

mation [180] (see Appendix d) which is only a function of temperature. A different set of 

polynomial coefficients corresponds to each species (j). The total enthalpy of the mixture 

(charge) H [J] at the current CA step (i) is calculated from Eq. (3.27) as follows, considering 

the mole fraction (x) of the species comprised in the charge: 

As mentioned above, during the period between initial and final estimation of 

SOC, the first thermodynamic law is applied in the cylinder charge as described in the Eq. 

𝑀𝑊𝑐ℎ,𝑖 =∑𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
𝑗

 (3.24) 

𝑛𝑐ℎ,𝑖 =
𝑚𝑐ℎ
𝑀𝑊𝑐ℎ,𝑖

 (3.25) 

𝑇𝑖 =
𝑝𝑖 ∙ 𝑉𝑖

𝑛𝑐ℎ,𝑖 ∙ 𝑅̅
 (3.26) 

𝐻𝑖 = 𝑛𝑐ℎ,𝑖 ∙ ℎ𝑖 = 𝑛𝑐ℎ,𝑖 ∙∑𝑥𝑗,𝑖 ∙ ℎ𝑗,𝑖(𝑇𝑖)

𝑗

 (3.27) 
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(3.28). During this process, the heat exchange between the charge and cylinder wall is ne-

glected and constant charge mass and composition are assumed. 

In the previous expression 
𝑑𝑄𝑁,𝑖

𝑑𝜃
 is the net HRR (NHRR), ΔHi =Hi – Hi-1 is the enthalpy vari-

ation between two consecutive CA steps and (
𝑑𝑝

𝑑𝜃
)
𝑖
 is the pressure derivative at the current 

CA step (i). When the dQN becomes positive for a number of consecutive CA steps after the 

current step, then the final value of SOC is determined from a lineal interpolation between 

steps i (dQN,i>0) and i-1 (dQN,i-1<0) considering that at SOC dQN,SOC=0. 

The reason for using NHRR instead of the gross one, which takes into account the 

heat exchange through the wall, is that the SOC estimation procedure is very sensitive and 

any introduced inaccuracy from the wall heat–exchange model may induce error on the SOC 

estimation. Furthermore, wall heat–exchange is not significant before combustion com-

mence, since the in–cylinder temperature is lower compared to the developed temperatures 

during combustion. 

Having determined the SOC (final estimation), the actual HRR calculation initi-

ates. The presented model calculates the HRR for each CA step via an iterative procedure in 

order to account for the charge composition variation due to combustion. Then, from the 

HRR the fuel burnt rate is calculated. The procedure, which is described by detailed at next, 

ceases when the value of the fuel amount burnt at the examined CA step converges. 

As mentioned, HRR is calculated from the first thermodynamic law as described 

in Eq. (3.29). The enthalpy increase from the fuel injected and enthalpy losses due to leak-

ages and fuel vaporization are neglected, because their contribution is rather small [8], how-

ever the heat exchange through cylinder wall is now accounted for. 

In the previous equation 
𝑑𝑄𝐺

𝑑𝜃
 [J/°] is the gross (or apparent) HRR (GHRR) which is 

acquired from the sum of NHRR and head exchange with cylinder wall denoted as 
𝑑𝑄𝑤

𝑑𝜃
 [J/°]. 

The 
𝑑𝑄𝑤

𝑑𝜃
 is calculated using the Annand model [139] as described in section 3.4.7. Hsens is 

the sensible enthalpy of the cylinder charge, which is derived when the reference enthalpy 

H° is subtracted from the total enthalpy H as described in Eq. (3.30): 

𝑑𝑄𝑁,𝑖
𝑑𝜃

=
∆𝐻𝑖
∆𝜃
− 𝑉𝑖 ∙ (

𝑑𝑝

𝑑𝜃
)
𝑖
 (3.28) 

𝑑𝑄𝐺
𝑑𝜃

=
𝑑𝑄𝑁
𝑑𝜃

+
𝑑𝑄𝑤

𝑑𝜃
 

𝑑𝑄𝐺
𝑑𝜃

=
𝑑𝐻𝑠𝑒𝑛𝑠
𝑑𝜃

− 𝑉 ∙
𝑑𝑝

𝑑𝜃
+
𝑑𝑄𝑤

𝑑𝜃
 

𝑑𝑄𝐺𝑖
𝑘

𝑑𝜃
=
(𝐻𝑠𝑒𝑛𝑠𝑖

𝑘 − 𝐻𝑠𝑒𝑛𝑠𝑖−1)

∆𝜃
− 𝑉𝑖 ∙ (

𝑑𝑝

𝑑𝜃
)
𝑖
+ (
𝑑𝑄𝑤

𝑑𝜃
)
𝑖

𝑘

 

(3.29) 

𝐻𝑠𝑒𝑛𝑠𝑖
𝑘(𝑥𝑖

𝑘 , 𝑇𝑖
𝑘) = 𝐻𝑖

𝑘 − 𝐻°𝑖
𝑘 = 𝐻𝑖

𝑘(𝑥𝑖
𝑘, 𝑇𝑖

𝑘) − 𝐻𝑖
𝑘(𝑥𝑖

𝑘 , 𝑇𝑟𝑒𝑓) (3.30) 
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where subscript k denotes the current iteration for the calculation of Hsens at the examined 

CA step i. The total enthalpy is calculated from Eq. (3.27). At this point, it is noted that the 

charge molecular composition (x) is determined from combustion chemistry and it varies 

between iterations due to its dependence of the fuel mass amount (mf [kg]) burnt at each CA 

step. This fuel amount is directly calculated from the GHRR as described in Eq. (3.31): 

The combustion of the respective fuel amount at the current CA step (i), which is 

described by detail in section 3.4.5, results in a variation of the number of moles [kmol] (nch) 

and composition (xj) of the charge at the current CA step and iteration. Using the newly 

calculated nch and xj, a new value for the temperature 𝑇𝑖
𝑘 is calculated using Eq. (3.26). From 

this temperature and composition, a new value of 𝐻𝑠𝑒𝑛𝑠𝑖
𝑘(𝑥𝑖

𝑘 , 𝑇𝑖
𝑘) is calculated for the cur-

rent CA step. This procedure continues until convergence. 

At the next section the flow chart of the HRR model is presented. 

 

𝑚𝑓𝑖
𝑘 =

𝑑𝑄𝐺𝑖
𝑘

𝑑𝜃
∙ ∆𝜃 ∙

1

𝐿𝐻𝑉
 (3.31) 
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3.4.3  Heat Release Rate Model Flow Chart 
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3.4.4  Initial Calculation of Start of Combustion  (SOC) 

As already mentioned in section 3.4.2, the HRR initiates when combustion com-

mences, namely when the injected fuel begins to release its chemical energy. However, due 

to the pressure measurement noise, the direct estimation of SOC from HRR, may lead to 

improper conclusions because in the HRR calculations the noise is magnified (due to the use 

of the pressure derivative, see also section 3.2.3) and can result in positive HRR values earlier 

than the actual SOC, especially for cases with retarded fuel injection timing. For this reason, 

a first estimation of SOC is attained directly from the measured pressure trace as described 

at next. 

Considering various studies reported in the literature i.e. [217,218,219] and from 

the observation of a great number of measured pressure traces (from various types of engines 

and engine settings (e.g. SOI variation)) and their respective derivatives, it was deduced that, 

after the determination of the appropriate pressure–CA – search–window described at next, 

the premises for the SOC at an examined CA (i) are: 

 the variation of second order pressure derivative is ascending, namely: 

(
𝑑2𝑝

𝑑𝜃2
)
𝑖
> (

𝑑2𝑝

𝑑𝜃2
)
𝑖−1

 AND 

 the variation of pressure derivative becomes maximum or presents an inflection 

point (the one that happens earlier, the second one is more common), namely: 

{(
𝑑2𝑝

𝑑𝜃2
)
𝑖
> (

𝑑2𝑝

𝑑𝜃2
)
𝑖+1
} ⁡𝑂𝑅 {(

𝑑4𝑝

𝑑𝜃4
)
𝑖
∙ (
𝑑4𝑝

𝑑𝜃4
)
𝑖−1
< 0}  

The first premise stems from the fact that combustion causes continuously in-

creasing pressure derivative variation⁡(
𝑑

𝑑𝜃
(
𝑑𝑝

𝑑𝜃
)), namely making it more positive or less neg-

ative⁡((
𝑑2𝑝

𝑑𝜃2
)
𝑖
− (

𝑑2𝑝

𝑑𝜃2
)
𝑖−1
> 0). If the first premise is on, then, when the pressure derivative 

variation becomes maximum⁡(
𝑑2

𝑑𝜃2
(
𝑑𝑝

𝑑𝜃
) = 0) or presents an inflection point⁡(

𝑑3

𝑑𝜃3
(
𝑑𝑝

𝑑𝜃
) = 0), 

is a robust indication that the pressure evolution, which is driven from compression phase, 

is deviated due to combustion commencement. Katrašnik T., who also uses the  
𝑑4𝑝

𝑑𝜃4
= 0 

criterion to detect SOC, attempts to provide a physical interpretation correlating the pressure 

derivative and HRR, deducing that the SOC occurs when the HRR curvature is maximized 

[218]. 
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The implementation of the proposed method for the initial estimation of SOC on 

four different Diesel engine types is depicted in Fig. 3.3. The pressure derivatives (
𝑑2𝑝

𝑑𝜃2
) and 

(
𝑑4𝑝

𝑑𝜃4
) are calculated using central finite differences as described in Appendix f. 

   

  

Figure 3.3: Initial estimation of SOC for four operating points of different engine types: upper left: 

passenger car engine, upper right: truck engine, lower left: 2–str. vessel propulsion engine and lower 

right: 4–str. constant speed power plant engine. 

From the observation of Fig. 3.3, the ability of the proposed methodology for the 

detection of SOC is confirmed. Nevertheless, it is also shown that the aforementioned criteria 

may be fulfilled at different CA events, other than SOC, especially at the vicinity on top dead 

center (TDC) and later after the actual SOC, mostly due to signal noise. Namely, the pro-

posed methodology provides adequate results if its window of implementation is appropri-

ately determined. 

To accomplish this, the following concept is followed for the determination of the 

CA where the calculation should start: The number of stationary points of the pressure trace, 

namely the local minimums or maximums (
𝑑𝑝

𝑑𝜃
= 0) and inflection points (

𝑑2𝑝

𝑑𝜃2
= 0) fol-

lowed by concave up pressure curve (
𝑑2𝑝

𝑑𝜃2
> 0) in a window around TDC (e.g. -10:+30° 

ATDC) is obtained, beginning from the left side of TDC. If this number is greater than unity 

(since all the pressure traces have at least one peak – stationary point), is an indication that 

SOC occurs after TDC. Therefore the initial SOC calculation methodology is implemented 
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after TDC, beginning a step prior the CA where the aforementioned number becomes equal 

to two. 

The previous is based on the fact that if the combustion commences after TDC, 

then a local pressure maximum occurs at TDC and one at maximum combustion pressure 

which follows a pressure minimum. This minimum may not occur if combustion commences 

very late during expansion because peak combustion pressure is not developed. Instead, a 

negative local minimum of the pressure derivative⁡((
𝑑𝑝

𝑑𝜃
)
𝑚𝑖𝑛

< 0) (the pressure derivative 

is negative because the in–cylinder pressure is descending at the right of TDC prior combus-

tion) or an inflection point followed by concave up pressure curve will occur. The last almost 

always appears in contrast with the first which may not occur, if combustion commences too 

late during expansion. Finally, if combustion commences too close to TDC, initially an in-

flection point will occur at this point, followed by a concave up pressure curve. The next 

pressure stationary point (maximum) that will occur, is the one corresponding to the peak 

combustion pressure. 

For the case where the SOC occurs before TDC, generally, an inflection point of 

the pressure curve appears⁡(
𝑑2𝑝

𝑑𝜃2
= 0). Specifically a positive local pressure derivative min-

imum⁡((
𝑑𝑝

𝑑𝜃
)
𝑚𝑖𝑛

> 0) occurs prior but close to TDC. The last occurs while the pressure de-

rivative, which is positive since pressure always rises at the left of TDC⁡(
𝑑𝑝

𝑑𝜃
> 0) (compres-

sion phase), tends to become zero as it approaches TDC but suddenly starts to increase due 

to the combustion event, forming a local pressure derivative minimum⁡(
𝑑𝑝

𝑑𝜃
)
𝑚𝑖𝑛

. Thus, the 

implementation of initial SOC estimation methodology should start at this CA. 

On the other hand, if combustion commences significantly earlier than TDC (i.e. 

5–10°) the aforementioned positive local pressure derivative minimum may not occur. In 

this case the starting CA for the SOC search–window corresponds to the first CA where a 

change in the slope of pressure derivative is observed, as the CA elapses to the right. Partic-

ularly, this change corresponds to an inflection point of the pressure curve⁡(
𝑑2𝑝

𝑑𝜃2
= 0) fol-

lowed by an ascending variation of pressure derivative⁡(
𝑑2𝑝

𝑑𝜃2
> 0), which denotes that the 

pressure curve is concave up. Apparently, this sudden change of the pressure derivative slope 

is due to combustion event. This occurs, as already mentioned, while the pressure derivative 

is positive, since the in–cylinder pressure is always ascending before TDC. 

According to the starting CA calculated above and its position relative to TDC, 

the examined CA window is set. In this window, the initial SOC estimation methodology is 

implemented. Specifically, for SOC < TDC the window is defined from the starting CA and 

TDC and for SOC ≥ TDC from the starting CA and the CA 30° after TDC. The aforemen-

tioned pre–process for the determination of the search–window is applied for the determina-

tion of main SOC and not in the determination procedure of pilot SOC (if exists). In this case, 

the initial SOC estimation methodology is implemented several CA steps before TDC. 

Nonetheless, the final value of SOC is derived from the HRR analysis calculations 

for the SOC determination as described in section 3.4.2. These calculations initiate at the CA 

which corresponds to the initial SOC estimation. The aforementioned methodology provides 
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the ability to the model to accurately and reliably detect SOC for a variety of pressure traces 

(i.e. engine configurations/settings/adjustments) without significant computational time cost. 

3.4.5  Single–Zone Combustion Concept 

As already mentioned in section 3.4.2 the HRR model used in the present study is 

a single–zone, zero dimensional one, which means that the temperature of the charge is uni-

form throughout the closed cycle. Furthermore, after combustion commencement, the com-

bustion products, produced from the instantaneous elementary fuel (𝑚𝑓𝑖
 [kg]) combustion 

which corresponds to the current CA interval, are added to the cylinder charge and are ho-

mogenized with the remaining unburnt charge. The combustion of each elementary fuel 

amount is assumed ideal and stoichiometric (=1) as described in Eq. (3.32), neglecting 

chemical dissociation effects. Here, it is noted that, according to this concept, at the EOC 

the charge composition, i.e. exhaust gas composition, is the one that would has been obtained 

if the total fuel was burnt with the cylinder global equivalence ratio  (𝛷 =
𝑚𝑓

𝑚𝑡𝑟
∙ (
𝑚𝑡𝑟

𝑚𝑓
)
𝑠𝑡

). 

The number of moles of O2 (𝜈𝑂2 ∙ 𝑚𝑓𝑖
) which is required for the stoichiometric oxidation of 

the fuel at each CA step and the number of moles derived from the oxidation reaction, namely 

the combustion products (CO2, H2O, SO2, N2), are calculated via the mole balance of the 

monoatomic species. Thereafter, the number of moles of the cylinder charge (nch) is deter-

mined from the sum of its number of moles at the previous CA step and the number of moles 

of the resulted products at the current CA step (i), subtracting the O2 number of moles used 

for the combustion as described in Eq. (3.33). The mole (x) and mass (y) fractions of the 

chemical species comprised in the charge and their molecular weight (MWch) at the current 

CA step are calculated from Eq. (3.34). 

In the previous expressions, subscripts m, n, p, q, r [kmol/kg fuel] correspond to the C, H, S, 

O, N content of the fuel respectively, derived from the available fuel mass fraction [kg/kg] 

𝐶𝑚𝐻𝑛𝑆𝑝𝑂𝑞𝑁𝑟 + 𝜈𝑂2𝑂2 ⁡→ 𝑚𝐶𝑂2 +
𝑛

2
𝐻2𝑂 + 𝑝𝑆𝑂2 +

𝑟

2
𝑁2 

𝜈𝑂2 = (𝑚 +
𝑛

4
+ 𝑝 −

𝑞

2
) 

(3.32) 

𝑛𝑐ℎ𝑖
𝑘 = 𝑛ch𝑖−1 + (𝑚 +

𝑛

2
+ 𝑝 +

𝑟

2
− 𝜈𝑂2) ∙ 𝑚𝑓𝑖

𝑘 = 𝑛ch𝑖−1 + (
𝑛

4
+
𝑟

2
−
𝑞

2
) ∙ 𝑚𝑓𝑖

𝑘 (3.33) 

𝑥𝑗𝑖
𝑘 =

𝑛𝑗𝑖
𝑘

𝑛𝑐ℎ𝑖
𝑘
 

𝑀𝑊𝑐ℎ𝑖
𝑘 =∑ 𝑥𝑗𝑖

𝑘 ∙ 𝑀𝑊𝑗
𝑗

 

𝑦𝑗𝑖
𝑘 = 𝑥𝑗𝑖

𝑘 ∙
𝑀𝑊𝑗

𝑀𝑊𝑐ℎ𝑖
𝑘 

(3.34) 
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divided by the molecular weight MW [kg/kmol] of the respective species. vO2 [kmol O2/kg 

fuel] is the oxygen stoichiometric coefficient determined from the fuel composition (see Eq. 

(3.32)). Subscript j denotes the species sequence number, ch the cylinder charge, i the current 

CA step and superscript k is the sequence number of the current iteration loop for the ele-

mentary fuel mass (𝑚𝑓𝑖
) calculation (see Eq. (3.31) in section 3.4.2). 

3.4.6  End of Combustion Estimation 

The CA where the combustion ceases i.e. the end of combustion (EOC) is a sig-

nificant parameter because it has an effect on the results of both, HRR and NO models. How-

ever, its detection is a difficult issue due to the high signal noise, which appears on pressure 

trace and hence HRR, late in expansion phase where combustion ends. 

The estimated value of EOC and injected fuel mass, which is an input, are deter-

minant factors for the GHRR calculation because they affect the calculation of combustion 

duration and coefficient α used for the calculation the heat transfer through the cylinder wall 

as described in section 3.4.7. 

The combustion duration and CA step determine the number of combustion zones 

formed and considered. Hence, an early EOC estimation results in less zones and hence less 

NO is formed. On the contrary, overestimation of combustion duration, e.g. due to signal 

noise, results in interpretation of this noise as combustion overestimating the number of 

combustion zones and hence NO formation. 

Moreover, underestimation or overestimation of the combustion duration induces 

greater or smaller values for coefficient α respectively. This coefficient corresponds propor-

tionally to the amount of heat exchange through cylinder wall. It is noted that this coefficient, 

which is derived from HRR analysis, is also used in the calculation of zone temperature in 

the NO model. The heat losses through cylinder wall affect the final temperature of each 

zone and thus NO formation. Namely, overestimation of coefficient α causes underestima-

tion of temperature and hence NO and underestimation of coefficient α causes overestima-

tion temperature and hence NO formation. 

For the reasons mentioned previously, the EOC should be approached with the 

maximum possible accuracy. To manage this, the net HRR (NHRR [J/°]) is utilized. EOC is 

located at the CA where the NHRR is reduced significantly and becomes parallel to the hor-

izontal axis. The proposed methodology initiates at the CA where the 85% of the maximum 

cumulative net HR (CNHR) value has been occurred. From this point on, the NHRR value at 

the current CA step is further smoothed using the moving average method as shown in the 

following Eq. (3.35): 

where Ws is the number of neighbor points at the left and right of the examined point i, 

(2Ws+1) is the smoothing window and subscript s denotes the smoothed values. When the 

𝑁𝐻𝑅𝑅𝑠𝑖 =
1

2 ∙ 𝑊𝑠 + 1
∑ 𝑁𝐻𝑅𝑅𝑖+𝑙

𝑙=𝑊𝑠

𝑙=−𝑊𝑠

 (3.35) 
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NHRR value of the examined point (𝑁𝐻𝑅𝑅𝑠𝑖) becomes less than a threshold, which is de-

fined as a percentage (i.e. 3%) of the maximum NHRR, then the smoothing procedure con-

tinues for a specific number of CA steps. Then, the average (𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟  [J/°]) of these 

smoothed NHRR values (i.e. NHRRs), including the examined one (i) (i.e. the first point), is 

calculated as described in Eq. (3.36): 

where Waver is the smoothing window. When this average becomes less than the NHRR 

threshold defined above, then the fluctuation (standard deviation based on sample) of the 

NHRRs values (see Eq. (3.35)), comprised in the average window (Waver), around their aver-

age value (𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟), is calculated from Eq. (3.37): 

𝑆𝑇𝐷𝑉𝑠 = √
∑ (𝑁𝐻𝑅𝑅𝑠𝑙 − 𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟)

2𝑙=𝑖+𝑊𝑎𝑣𝑒𝑟−1
𝑙=𝑖

𝑊𝑎𝑣𝑒𝑟 − 1
 (3.37) 

When this fluctuation becomes less than 50% of the average value, namely⁡𝑆𝑇𝐷𝑉𝑠 < 0.5 ∙

𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟, it is considered that the examined point (i) corresponds to EOC. 

3.4.7  Heat Exchange through the Cylinder Wall – Annand Model 

Description 

In the present work, the Annand model [8,9,139,140] was used for the calculation 

of heat exchange between the in–cylinder charge and cylinder wall. This model was chosen 

because it is widely used in the field due to the adequate results that provides but its most 

important advantage is the simplicity of its implementation, and the lower calibration effort 

and input parameters that requires when compared to other models [220] i.e. Woschni model 

[162]. 

The Annand formula used for the calculation of heat exchange to the cylinder wall 
𝑑𝑄𝑤

𝑑𝜃
 [J/°] at each CA step (i), which is then used to Eq. (3.29), is described from Eq. (3.38): 

where Acyl [m2] is the cylinder area at the current CA step (i), N [rpm] is the engine speed, 

D [m] is the cylinder diameter, Re is the Reynolds number, T [K] and Tw [K] are the 

charge/zone and wall temperatures respectively and  is the Stefan Boltzmann constant for 

radiation heat exchange (=5.6704·10-8 [W/m2 K4]). Thermal conductivity (k [W/m/K]) and 

dynamic viscosity ([Pa s]) of each species (j) comprised in the mixture, are calculated 

𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟 =
1

𝑊𝑎𝑣𝑒𝑟
∑ 𝑁𝐻𝑅𝑅𝑠𝑙

𝑙=𝑖+𝑊𝑎𝑣𝑒𝑟−1

𝑙=𝑖

 (3.36) 

(
𝑑𝑄𝑤

𝑑𝜃
)
𝑖
=
𝐴𝑐𝑦𝑙𝑖
6 ∙ 𝑁

∙ [𝑎 ∙
𝑘𝑖
𝐷
∙ 𝑅𝑒𝑖

𝑏 ∙ (𝑇𝑖 − 𝑇𝑤) + 𝑐 ∙ 𝜎 ∙ (𝑇𝑖
4 − 𝑇𝑤

4)] 

𝑅𝑒 =
𝑆𝑝𝑖 ∙ 𝐷. 𝜌𝑖
𝜇𝑖

 

(3.38) 
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from NASA polynomial approximations [221] which are functions of temperature (see Ap-

pendix e). In addition, the k and μ of the mixture are calculated via Eq. (3.39) and Eq. (3.40) 

respectively which have been derived from Refs. [222,223]: 

In the previous expression, x is the mole fraction of the species denoted with sub-

script j. For the Reynolds (Re) number calculation, the mean piston speed Sp [m/s] was used 

as proposed in Ref. [9]. Mixture density kg/m3] was calculated as the quotient of the 

charge/zone mass and cylinder/zone volume at the current CA step (i). The parameters A, k, 

, Sp, , T, Re vary with CA. The mean wall temperature is assumed constant at 450 K during 

the entire closed cycle since it does not fluctuate more than 5 – 10 [K] [8,224,101,225], 

while , b and c are calibration constants. The values of b and c were kept constant using 

statistical values reported in the literature [8,9,225,146,143,226]: i.e. b=0.75 for the entire 

closed cycle, c=0 and c=0.576 before and after SOC. 

Finally, coefficient is calculated using a modified false position, root finding 

method (regula falsi) [227], which is described by detail in Appendix g, in order to satisfy 

the constraint described in Eq. (3.41), assuming that the total amount of injected fuel is com-

pletely burnt. 

In the previous expression, LHV [J/kg] is the lower heating value of the fuel. The 

sum term represents the cumulative gross HR (CGHR) which is calculated from Eq. (3.29) 

and is composed from the cumulative net HR (CNHR) and the heat exchange through the 

cylinder wall. EOC corresponds to the CA that combustion ends which has been determined 

with the method described in section 3.4.6. Finally, mf [kg/cycle] is the known amount of 

𝑘𝑖 =
∑ 𝑥𝑗,𝑖 ∙ 𝑘𝑗,𝑖 ∙ 𝑀𝑊𝑗

1/3
𝑗

∑ 𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
1/3

𝑗

 (3.39) 

𝜇𝑖 =
∑ 𝑥𝑗,𝑖 ∙ 𝜇𝑗,𝑖 ∙ 𝑀𝑊𝑗

1/2
𝑗

∑ 𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
1/2

𝑗

 (3.40) 

𝑚𝑓𝑐𝑦𝑙
=

1

𝐿𝐻𝑉
∙ ∑ (

𝑑𝑄𝑁
𝑑𝜃

+
𝑑𝑄𝑤

𝑑𝜃
)
𝑖
∙ ∆𝜃

𝐸𝑂𝐶

𝑖=𝑆𝑂𝐶

 

𝑚𝑓𝑐𝑦𝑙
=

1

𝐿𝐻𝑉
∙ ∑ (

𝑑𝑄𝐺
𝑑𝜃
)
𝑖
∙ ∆𝜃

𝐸𝑂𝐶

𝑖=𝑆𝑂𝐶

 

(3.41) 
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fuel injected per engine cycle in the examined cylinder. This procedure is schematically pre-

sented in Fig. 3.4: 

  

Figure 3.4: Determination of “α” coefficient from HR 

analysis and the known injected fuel amount. 

The total engine fuel flow rate is distributed to the cylinders proportionally to their 

respective CNHR at EOC, according to the approach described in section 3.3.2. Thus, if 

pressure measurements are available for all cylinders, a different α coefficient is calculated 

for each cylinder. Otherwise, the coefficient α corresponds to the available “average” (rep-

resentative) cylinder. As already mentioned in section 3.4.6, the calculated coefficient α, 

from the HR analysis, along with the default coefficients b and c are also utilized in the NO 

model in the zone temperature calculation. Apparently, regarding the unburnt zone, coeffi-

cient c, which corresponds to the radiation heat transfer, is always zero throughout the entire 

engine cycle. 

It is also noted that due to the HRR noise (derived from pressure signal) and/or 

inaccurate fuel flow rate input data, coefficient  may be miscalculated. This has an effect 

on zone temperature calculation and hence NO formation. Regarding tail–pipe NO emissions 

predictions, the aforementioned effect is noticeable when the NO absolute values and the 

slop of the NO trend are considerably low. Even negative values of  can arise. To prevent 

the latest abnormality, when its value drops below a threshold (i.e. 0.01) then the threshold 

value is imposed to . 

Nevertheless, the investigation has revealed that the approach followed for the 

heat exchange between the zone and cylinder wall (i.e. the use of  coefficient which has 

been derived from the HRR analysis) slightly improves the NO trend for most of the cases 

examined, when compared to the use of a constant  coefficient. 

Here it is also mentioned that the average  coefficient for the large–scale engines 

examined is 0.32 and for the automotive engine examined is 0.26. These values are similar 

to the ones reported in the relevant literature [8,9,225,146,143,226]. 
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3.5 Description of the Proposed Nitric Oxide Model  

3.5.1  Presentation of the Model’s Concept 

The proposed model is a simplified zero–dimensional, physical–based, semi–em-

pirical, pseudo–multi–zone one which aims to predict Diesel engine NOx emissions. To ac-

complish this, it makes use of the in–cylinder measured pressure trace, basic cylinder geom-

etry and operating parameters (i.e. speed, fuel and exhaust flow, etc.). 

Initially, the measured pressure trace is processed as described in section 3.2. 

Thereafter, the initial conditions of the in–cylinder charge at initiation of combustion are 

calculated accounting for the in–cylinder residual gas (RG), EGR rate, intake air mass flow 

rate and engine speed as described in section 3.3. Then, a HRR analysis is conducted using 

the measured pressure trace of each cylinder or the corresponding one of the “average” (rep-

resentative) cylinder, from which the fuel burn rate, SOC, EOC, etc. are derived as described 

comprehensively in section 3.4. Then, the NO model is implemented from SOC until exhaust 

valve opening (EVO).  

The concept of the model is depicted in Fig. 3.5. The solid stars represent the 

combustion zone generation. The first zone is generated at the SOC. Each zone is determined 

from the elementary fuel mass burnt at the corresponding CA step as defined from the com-

bustion rate shown in Fig. 3.6 (derived from HRR, see section 3.4.2) and from the requisite 

amount of unburnt charge mass. This mass is determined using an empirical correlation 

which provides the zone equivalence ratio (Φz) and is described by detailed in section 3.5.8. 

After its generation, the zone continues being expanded or compressed (depends on the cur-

rent in–cylinder pressure derivative) inside the engine cylinder, in parallel with the genera-

tion or evolution of the other existing zones until EVO, having its own history of chemical 

composition, temperature and volume, as shown in Fig. 3.7, 3.8 and 3.9 respectively. The 

individual zones are considered internally homogeneous. Zone temperature is calculated us-

ing the first thermodynamic law accounting for the heat exchange between the zone and 

cylinder wall. Each zone contributes to NO formation, after its generation and until the end 

of the closed engine cycle. The NO inside each zone is calculated kinetically via the extended 

Zeldovich mechanism [29,30]. Moreover, a chemical dissociation scheme [228] is imple-

mented (described in section 3.5.6), which provides the equilibrium composition. The equi-

librium composition is required for the NO formation mechanism. Chemical dissociation 

results in zone temperature decrease. An indicative image of the chemical composition his-

tory in a specific zone is depicted in Fig. 3.10. The pressure of all zones is assumed uniform 

at every CA and equal to the respective measured one. After the end of combustion (EOC), 

zone generation ceases but the existing zones continue to evolve up to EVO. The expand-

ing/compressing zones are depicted in Fig. 3.5 as empty squares. Through this approach, the 

NO history of each zone is obtained (i.e. NO vs. CA) as shown in Fig. 3.11. The sum of the 

NO amounts formed inside the existing zones at each CA step, provides the in–cylinder NO 

history as shown in Fig. 3.12. Therefore, the sum of NO amounts inside each zone at EVO, 
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provides the NO contribution of the examined cylinder in the engine’s tail–pipe NO emis-

sions. 

 

Figure 3.5: The concept of the proposed NO model – 

Zone generation and evolution. 

 

  

Figure 3.6: Calculation of the fuel burnt at a 

specific crank angle interval of the examined 

cylinder. 

Figure 3.7: Zone oxygen (O2) history during the 

period from the zone generation up to EVO. 
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Figure 3.8: Zone temperature history during the 

period from the zone generation up to EVO. 

Figure 3.9: Zone volume history during the 

period from the zone generation up to EVO. 
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Figure 3.10: Chemical composition history of a specific zone from the time of its generation up to EVO. 
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Figure 3.11: NO history inside the zones during the 

period from their generation up to EVO. 

Figure 3.12: Overall in–cylinder NO history as 

crank angle elapses. 

In the following sections, the mathematical treatment of the processes taking place 

inside the unburnt zone and combustion zones is comprehensively presented. 

3.5.2  Unburnt Zone Evolution inside the Combustion C hamber 

The unburnt zone is the source from which the generating combustion zones ob-

tain the requisite amount of unburnt charge, for the combustion of the attributed fuel amount 

to each zone. As already mentioned in section 3.4.2 (see Eq. (3.31)) and schematically de-

scribed in Fig. 3.6 of section 3.5.1, this fuel amount is calculated via HRR analysis. Never-

theless, the unburnt charge does not consist only of ambient air but also residual or recircu-

lated exhaust gases. Hence, its chemical composition has to be calculated. Moreover, the 

temperature of the unburnt zone, at each CA step, is a requisite for the calculation of the 

combustion temperature for the generating zone, since it constitutes the temperature of reac-

tants. The considerations about the calculation of unburnt zone composition and temperature 

are analyzed at next. 

As in HRR model (section 3.4.2), the mass and composition of the trapped charge 

(unburnt zone) in the combustion chamber are assumed to remain unchanged during the 

period of compression initiation (2–str.: EVC, 4–str.: IVC) until the moment just before SOC 

(i.e. SOC-1), neglecting blow–by mass loss and considering complete mixing of the fresh air 

with residual or recirculated gases, which is close to reality. The calculations for the initial 

conditions are described by detail in section 3.3. Moreover, the chemical composition of the 

unburnt zone is assumed constant for the entire closed cycle since mixing and heat exchange 

with the combustion zones is not considered for. Furthermore, charge composition remains 

constant since chemical dissociation does not take place inside the unburnt zone due to its 

low temperature. When combustion commences, at each CA interval, a part of the unburnt 

zone mass (or mole amount) participates in combustion (denoted later in Eq. (3.43) as nout). 

Its magnitude depends on the corresponding fuel amount burnt at the examined CA interval, 

which has been determined from HRR, and the zone equivalence ratio (Φz), which is calcu-

lated using an empirical correlation as described in section 3.5.8. The pressure of unburnt 

zone is equal to the prevailing in–cylinder pressure at the current CA. The unburnt zone 
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volume (V [m3]) is determined as the difference of the total cylinder volume (Eq. (3.7)) and 

the sum of the volumes of the existing combustion zones as described in Eq. (3.42): 

where subscript i denotes the CA step, ub the unburnt zone, b the burning zones, cyl the 

cylinder, z the zone sequence number and SOC is the CA step that combustion commences. 

The temperature of the unburnt zone, which is used as reactants’ temperature in 

the calculations of combustion zone generation, is calculated at each CA step (i) via the first 

thermodynamic law, using an iterative procedure (superscript k denotes the iteration se-

quence number) until the unburnt zone enthalpy converges, using Eqs. (3.43) and (3.45): 

In the previous expression, h [J/kmol] is the enthalpy of the unburnt zone, which 

is calculated via Eq. (3.44) using its chemical composition (x) and the enthalpies of the com-

prised species, denoted with subscript j, which are calculated via NASA polynomials [180] 

(see Appendix d) using the unburnt zone temperature. The number of moles (n [kmol]) com-

prised in the unburnt zone volume (𝑉𝑢𝑏𝑖) is determined from the difference between the 

number of moles of the previous CA step (ι-1) and the mole amount transferred (nout) from 

the unburnt zone to the newly generated combustion zone at the current CA step (ι). The 

initial value of n (n0) is derived from the trapped mass and its composition⁡(𝑛0 =
𝑚𝑡𝑟

𝑀𝑊𝑐ℎ
), 

which have been calculated as described in section 3.3. 

Furthermore, dQw [J] (𝑑𝑄𝑤 =
𝑑𝑄𝑤

𝑑𝜃
∙ ∆𝜃) corresponds to the heat exchange with 

the cylinder walls, which is calculated using the Annand model described by detail in section 

3.4.7. However, in order to approach the zone–cylinder interface with greater physical con-

sistency, the following modification to the Annand formula has been established: the current 

cylinder area Acyli [m2] is multiplied with 
𝑉𝑢𝑏𝑖

𝑘

𝑉𝑐𝑦𝑙𝑖
 [109] to fairly represent the equivalent inter-

face area. 

The unburnt zone temperature Tub is calculated via a Newton–Raphson iterative 

methodology [229] as described in Eq. (3.45): 

𝑉𝑢𝑏𝑖 = 𝑉𝑐𝑦𝑙𝑖 − ∑ 𝑉𝑏𝑧

𝑖−𝑆𝑂𝐶+1

𝑧=1

 (3.42) 

ℎ𝑖
𝑘 =

𝑛𝑖−1 ∙ ℎ𝑖−1 + 𝑑𝑝𝑖 ∙
(𝑉𝑢𝑏𝑖−1 + 𝑉𝑢𝑏𝑖)

2 − 𝑛𝑜𝑢𝑡 ∙
(ℎ𝑖−1 + ℎ𝑖

𝑘−1)
2 − 𝑑𝑄𝑤𝑖

𝑘

𝑛𝑖
 

𝑛𝑖 = 𝑛𝑖−1 − 𝑛𝑜𝑢𝑡 

(3.43) 

ℎ𝑖
𝑘 =∑ 𝑥𝑗𝑖 ∙ ℎ𝑗𝑖(𝑇𝑢𝑏𝑖

𝑘)
𝑗

 (3.44) 

𝑇𝑢𝑏𝑖
𝑘 = 𝑇𝑢𝑏𝑖

𝑘−1 −
ℎ𝑖
𝑘 − ℎ𝑖

𝑘−1

𝑐𝑝𝑖
𝑘−1  (3.45) 
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where cp [J/kmol/K] is the specific heat capacity at constant pressure (𝑐𝑝 = (
𝑑ℎ

𝑑𝑇
)
𝑝
) of the 

unburnt zone, which is calculated from Eq. (3.46) using the unburnt zone composition (x) 

and the cp of the comprised species, denoted with subscript j. The cp of each species is 

calculated via NASA polynomials [180] (see Appendix d) using the unburnt zone tempera-

ture. 

The initial value of the unburnt zone temperature (Tub,0 [K]), namely at the CA 

step just before SOC (i.e. SOC-1, i=SOC in Eq. (3.43)), is calculated using the cylinder vol-

ume (V0 [m3]) and pressure (p0 [Pa]) at this point, the in–cylinder trapped mass (mtr [kg]) 

and its molecular weight (MWch [kg/kmol]) (initial conditions) as calculated in section 3.3, 

via the equation of state as described in Eq. (3.47): 

3.5.3  Combustion Zone Generation 

According to the literature [14,8,9,143,30,31] the accurate prediction of NOx 

emissions depends strongly on the realistic estimation of the local conditions (i.e. tempera-

ture, species concentration) inside the combustion chamber. However, these conditions are 

mainly controlled from the air–fuel mixing and combustion mechanism. Based on this con-

sideration, the combustion procedure, is divided into zones to fairly represent the actual tem-

perature and composition distribution inside the combustion chamber. 

Each combustion zone (denoted by subscript z) is formed from the fuel amount 

burnt at the respective CA step (denoted by subscript i), as determined from the HRR analysis 

described in section 3.4.2 and shown in Figs. 3.5 and 3.6, and the corresponding unburnt 

zone charge amount. The generated zone forms an independent, closed thermodynamic sys-

tem inside which the amount of the attributed fuel burns instantaneously within the specific 

CA step. There is no interaction between the individual zones which have their own temper-

ature, volume, composition and NO history. Thus, the total zone mass (fuel + unburnt charge) 

remains constant throughout the cycle. Moreover, the pressure of the existing zones is con-

stant and equal to the measured one at the current CA step. 

The temperature of the combustion zone – combustion products temperature (Tp 

[K]) – is calculated via the first thermodynamic law using an iterative procedure (superscript 

k denotes the iteration number) which includes a Newton–Raphson methodology [229] as 

described in Eq. (3.48). The procedure ceases when Tp converges. 

𝑐𝑝𝑖
𝑘−1 =∑ 𝑥𝑗𝑖 ∙ 𝑐𝑝𝑗𝑖(𝑇𝑖

𝑘−1)
𝑗

 (3.46) 

𝑇𝑢𝑏0 =
𝑝0 ∙ 𝑉𝑐𝑦𝑙0

𝑚𝑡𝑟 ∙
𝑅̅

𝑀𝑊𝑐ℎ

 (3.47) 

𝑇𝑝𝑧𝑖
𝑘 = 𝑇𝑝𝑧𝑖

𝑘−1 −
ℎ𝑝𝑧𝑖

𝑘−1 − ℎ𝑟𝑧𝑖 + 𝑑𝑞𝑤𝑧𝑖
𝑘−1 − 𝑉𝑧𝑖

𝑘−1 ∙ 𝑑𝑝𝑖/𝑚𝑧

𝑐𝑝𝑧𝑖
𝑘−1

 (3.48) 
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In the previous expression, the specific heat capacity at constant pressure (cp 

[J/kg/K]) is assumed to represent the derivative (f’(T)) of the function (f(T)) to be zero 

(f(T)≡numerator of the second term at the right hand side of Eq. (3.48)), since zone reactants’ 

enthalpy (hr [J/kg]) is known and the last two terms are less important compared to zone 

products’ enthalpy (hp [J/kg]). Thus⁡𝑓′(𝑇) =
𝑑𝑓(𝑇)

𝑑𝑇
≅
𝑑ℎ𝑝

𝑑𝑇
= 𝑐𝑝. 

Zone chemical composition before and after combustion, which is used in com-

bination with unburnt zone temperature – reactants temperature (Ti) – and combustion tem-

perature (Tp) for the calculation of zone reactants’ and products’ enthalpy respectively, is 

derived from the chemical reaction (combustion) between the fuel and requisite unburnt 

charge, as described in section 3.5.5. In addition, regarding zone composition after combus-

tion, chemical dissociation of the ideal combustion products, which are: O2 or C12H26 (fuel), 

N2, CO2 and H2O, is accounted for. The chemical dissociation process, which is a function 

of pressure, temperature and ideal combustion products’ mole fraction, provides the final, 

equilibrium composition of the combustion products as described in section 3.5.6.  

Zone enthalpy before combustion, namely reactants enthalpy (hr), is the one de-

termined for the unburnt zone at the current CA step, which is calculated using the method 

described in section 3.5.2., however divided by the unburnt charge molecular weight to con-

vert it in [J/kg] units. The zone enthalpy after combustion (hp [J/kg]) is calculated from Eq. 

(3.49) using the final equilibrium composition of the zone and the enthalpies of the com-

prised combustion products (hj [J/kmol]). These enthalpies are calculated via the NASA pol-

ynomials [180] (see Appendix d) using the combustion zone temperature Tp. 

Similarly, the specific heat capacity at constant pressure (cp [J/kg/K]) of the zone 

is calculated from Eq. (3.50) using the zone final equilibrium composition and the specific 

heats of the comprised combustion products (cpj [J/kmol/K]), which are calculated via the 

NASA polynomials [180] (see Appendix d) using the combustion zone temperature Tp. 

For the initiation of the iteration method (k=1) described above (Eq. (3.48) – 

(3.50)), the initial value of the combustion temperature (Tp) is set arbitrary to 2200 [K] (se-

lected relatively close to the expected values of adiabatic flame temperature for faster con-

vergence). 

The enthalpies, hr and hp are converted into [J/kg] using the molecular weight of 

the reactants’ and products’ mixture respectively, because in the first thermodynamic law 

(see Eq. (3.48)) calculations, the total enthalpies (𝐻⁡[𝐽] = 𝑚[𝑘𝑔] ∙ ℎ[
𝐽

𝑘𝑔
]) have to be used. 

However, due to the assumption that the mass of each zone is constant throughout the closed 

cycle, regarding Eq. (3.48), the mass term is finally eliminated. Zone mass (m [kg]) is cal-

culated as the sum of fuel burnt at the examined CA and the entrained unburnt charge at the 

ℎ𝑝𝑧𝑖
𝑘−1 =∑

𝑥𝑗,𝑧𝑖
𝑀𝑊𝑗

∙ ℎ𝑗𝑖(𝑇𝑝𝑧𝑖
𝑘−1)

𝑗
 (3.49) 

𝑐𝑝𝑧𝑖
𝑘−1 =∑

𝑥𝑗,𝑧𝑖
𝑀𝑊𝑗

∙ 𝑐𝑝𝑗𝑖(𝑇𝑝𝑧𝑖
𝑘−1)

𝑗
 (3.50) 
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time of its generation. Zone volume is calculated using the state equation for ideal gas as 

described in Eq. (3.51): 

Moreover, referring to Eq. (3.51) and Eq. (3.48), p [Pa] is the measured cylinder 

pressure, dp [Pa] is the pressure differential⁡(
𝑑𝑝

𝑑𝜃
∙ ∆𝜃) and dqw [J/kg] is the wall heat ex-

change differential (

𝑑𝑄𝑤

𝑚𝑧

𝑑𝜃
∙ ∆𝜃) calculated with Annand model which have been described in 

section 3.4.7. For the Annand model used, the same rationale with the unburnt zone was 

adopted (section 3.5.2), namely, the cylinder area Acyli is multiplied with 
𝑉𝑧𝑖
𝑘−1

𝑉𝑐𝑦𝑙𝑖
 [109] to fairly 

represent the equivalent interface area between the zone and the wall. As with unburnt zone, 

the coefficient α used in Annand formula is the one estimated from the HRR analysis. The 

remaining coefficients (b, c) are kept constant as declared in section 3.4.7. 

3.5.4  Combustion Zone Evolution inside the Combustion Chamber 

After its generation, the zone continues to expand or compress (depending on the 

current in–cylinder pressure derivative) inside the combustion chamber up to EVO. At each 

CA step, the values of volume (V [m3]), chemical composition (x), number of moles (n 

[kmol]), molecular weight (MW [kg/kmol]), enthalpy (h [J/kmol]) and temperature (T [K]) 

of the examined zone are calculated from an iterative procedure using a concept similar to 

the one used for the unburnt zone (section 3.5.2), however herein the chemical dissociation 

is accounted for, since the zone temperature is significantly increased for noticeable time 

after SOC. The zone enthalpy is calculated from Eq. (3.52) and its temperature via the New-

ton–Raphson [229] iterative method as described in Eq. (3.53): 

where superscript k denotes the iteration sequence number, z the zone sequence number and 

i the current CA step. The specific heat capacity at constant pressure is denoted with cp 

𝑉𝑧𝑖
𝑘−1[𝑚3] =

𝑚𝑧 ∙ 𝑅̅ ∙ 𝑇𝑝𝑖
𝑘−1

𝑝𝑖 ∙ 𝑀𝑊𝑧𝑖
𝑘−1  (3.51) 

ℎ𝑧𝑖
𝑘 =

𝑛𝑧𝑖−1 ∙ ℎ𝑧𝑖−1 + 𝑑𝑝𝑖 ∙
(𝑉𝑧𝑖−1 + 𝑉𝑧𝑖

𝑘)
2 − 𝑑𝑄𝑤𝑧𝑖

𝑘

𝑛𝑧𝑖
𝑘

 

𝑉𝑧𝑖
𝑘 =

𝑚𝑧 ∙ 𝑅̅ ∙ 𝑇𝑝𝑖
𝑘

𝑝𝑖 ∙ 𝑀𝑊𝑧𝑖
𝑘  

𝑛𝑧𝑖
𝑘 =

𝑚𝑧

𝑀𝑊𝑧,𝑖
𝑗

 

𝑀𝑊𝑧,𝑖
𝑗
=∑ 𝑥𝑧,𝑗𝑖

𝑘 ∙ 𝑀𝑊𝑗
𝑗

 

(3.52) 

𝑇𝑧𝑖
𝑘 = 𝑇𝑧𝑖

𝑘−1 −
ℎ𝑧𝑖
𝑘 − ℎ𝑧𝑖

𝑘−1

𝑐𝑝𝑧𝑖
𝑘−1

 (3.53) 
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[J/kmol/K] and it corresponds to the enthalpy derivative⁡((
𝑑ℎ

𝑑𝑇
)
𝑝
). Zone volume (V [m3]) is 

calculated from equation of state as shown in Eq. (3.52). The initial values for the iteration 

procedure are derived from the final values of the previous CA step (i-1) for each existing 

zone. Moreover, the wall heat exchange term (
𝑑𝑄𝑤

𝑑𝜃
∙ ∆𝜃) is calculated as in the case of com-

bustion zone generation, which has been already described in section 3.5.3. The iteration 

procedure ceases when the zone temperature (T) converges. 

3.5.5  Calculation of Zone Composition before and after Combustion 

The calculation of the chemical composition inside the zone during its formation 

is attained by the implementation of the combustion mechanism of C–H–S–O–N system de-

scribed in Eq. (3.54): 

where Mj and xj,ch are the jth species in the entrained unburnt charge into the zone and its 

mole fraction respectively and O2 [kmol/kg fuel] is the O2 stoichiometric coefficient calcu-

lated according to the composition of the fuel used. The reacting unburnt charge comprises 

ambient air and residual or/and recirculating exhaust gases. The mole fractions of the com-

prised species considered are obtained from the unburnt zone (see section 3.3). The fractions 

m, n, p, q and r [kmol/kg fuel] are defined from the available mass fraction of C, H, S, O and 

N in the fuel used, divided by the respective molecular weight. Φz is the theoretical local 

equivalence ratio used in the combustion zones calculations at the time of their formation. 

This value is not the actual in–cylinder mean equivalence ratio but a theoretical value which 

is obtained from an empirical correlation which is presented in section 3.5.8. For rich mix-

tures, stoichiometric combustion is assumed (z = 1) and the excess fuel vapor is treated as 

one of the ideal combustion products. The excess fuel is then dissociated into its compounds 

(section 3.5.6) in the final combustion products composition calculation. In this study, 

C12H26 is used to represent the fuel chemical type. This consideration is not absolutely ap-

propriate, however is adopted due to the absence of the actual fuel chemical type. The fuel 

chemical type is used to find its molecular weight and its corresponding number of moles. 

The number of fuel moles is significantly lower compared to the number of moles of the 

other species comprised in the zone reactants or products thus its contribution to mixture’s 

number of moles and molecular weight is rather small. Different chemical types for the rep-

resentation of fuel can be used such as C16H34 for Diesel fuel and C25H52 for heavy fuel oil. 

The procedure for the calculation of zone mass and composition is presented at next. 

𝐶𝑚𝐻𝑛𝑆𝑝𝑂𝑞𝑁𝑟 +
𝜈𝑂2
𝛷
(𝑂2 +∑

𝑥𝑗,𝑐ℎ

𝑥𝑂2,𝑐ℎ𝑗

𝑀𝑗) → 𝑚𝐶𝑂2 +
𝑛

2
𝐻2𝑂 + 𝑝𝑆𝑂2 +

𝑟

2
𝑁2 

+
𝜈𝑂2
𝛷
((1 − 𝛷)𝑂2 +∑

𝑥𝑗,𝑐ℎ

𝑥𝑂2,𝑐ℎ𝑗

𝑀𝑗) 

𝜈𝑂2 = (𝑚 +
𝑛

4
+ 𝑝 −

𝑞

2
) 

(3.54) 
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Initially, the mass (m [kg]) of the zone is calculated from Eq. (3.55): 

where AFRst is the stoichiometric unburnt–charge to fuel ratio. This ratio depends on the fuel 

composition and unburnt–charge oxygen (O2) content. ych,O2 is the O2 mass fraction of the 

unburnt charge (ch) and mf [kg] is the fuel burnt at the current CA step (i) calculated from 

Eq. (3.31). 

The composition of zone contents (reactants) before combustion (xreac) is calcu-

lated using the entrained unburnt charge composition (x) and the comprised fuel amount, as 

described in the Eq. (3.56): 

𝑚𝑧 = (
𝐴𝐹𝑅𝑆𝑇
𝛷

+ 1) ∙ 𝑚𝑓𝑖
 

𝐴𝐹𝑅𝑆𝑇 =
𝜈𝑂2 ∙ 𝑀𝑊𝑂2
𝑦𝑐ℎ𝑂2

 

(3.55) 

𝑛𝑧,𝑟𝑒𝑎𝑐 =
𝑚𝑓

𝑀𝑊𝑓
+
𝑚𝑐ℎ
𝑀𝑊𝑐ℎ

 

𝑥𝑗,𝑟𝑒𝑎𝑐 =
𝑥𝑗 ∙

𝑚𝑐ℎ
𝑀𝑊𝑐ℎ

𝑛𝑧,𝑟𝑒𝑎𝑐
 

𝑥𝑓𝑢𝑒𝑙,𝑟𝑒𝑎𝑐 =

𝑚𝑓
𝑀𝑊𝑓

𝑛𝑧,𝑟𝑒𝑎𝑐
 

(3.56) 
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Zone composition (products) after combustion (before dissociation) is derived us-

ing the conservation equations that describe the aforementioned combustion mechanism (see 

Eq.(3.54)), as shown in Eqs. (3.57) – (3.63): 

In the previous expressions (Eq. (3.58) – (3.62)), if combustion is fuel rich ( > 

1) then, as already mentioned, combustion is considered to be stoichiometric ( = 1, since 

no additional oxidizer entrains into the zone after its generation) and the excess amount of 

fuel is assumed to be mixed with the zone combustion products and its mole amount is cal-

culated from Eq. (3.63). This amount is then used in the chemical dissociation mechanism 

(see section 3.5.6) for the calculation of the final composition of the combustion products 

(i.e. zone composition). 

The mole fractions of the ideal combustion products (xprod) comprised in the ex-

amined zone are calculated by the division of their corresponding number of moles with the 

total number of moles comprised in the zone. 

Here, it is noted that from this point on, only the substances C12H26, O2, N2, CO2 

and H2O are used as ideal combustion products to feed the chemical dissociation scheme in 

order to calculate the final equilibrium composition of the examined zone, considering neg-

ligible concentration of Ar and SO2. This scheme is described in the section below. 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝑂2 = 𝜈𝑂2 ∙ (
1

𝛷
− 1) ∙ 𝑚𝑓𝑖

⁡⁡⁡𝑓𝑜𝑟⁡𝛷 ≤ 1 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝑂2 = 0⁡𝑓𝑜𝑟⁡𝛷 > 1 

(3.57) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝑁2 = (
𝑟

2
+
𝜈𝑂2
𝛷
∙
𝑥𝑁2,𝑐ℎ

𝑥𝑂2,𝑐ℎ
) ∙ 𝑚𝑓𝑖

 (3.58) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝐶𝑂2 = (𝑚 +
𝜈𝑂2
𝛷
∙
𝑥𝐶𝑂2,𝑐ℎ

𝑥𝑂2,𝑐ℎ
) ∙ 𝑚𝑓𝑖

 (3.59) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝐻2𝑂 = (
𝑛

2
+
𝜈𝑂2
𝛷
∙
𝑥𝐻𝑂2,𝑐ℎ

𝑥𝑂2,𝑐ℎ
) ∙ 𝑚𝑓𝑖

 (3.60) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝐴𝑟 = (
𝜈𝑂2
𝛷
∙
𝑥𝐴𝑟,𝑐ℎ
𝑥𝑂2,𝑐ℎ

) ∙ 𝑚𝑓𝑖
 (3.61) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝑆𝑂2 = (𝑝 +
𝜈𝑂2
𝛷
∙
𝑥𝑆𝑂2,𝑐ℎ

𝑥𝑂2,𝑐ℎ
) ∙ 𝑚𝑓𝑖

 (3.62) 

𝑛𝑧,𝑝𝑟𝑜𝑑,𝐶12𝐻26 =
𝛷 − 1

𝑀𝑊𝑓
⁡⁡⁡𝑓𝑜𝑟⁡𝛷 > 1 (3.63) 
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3.5.6  Chemical Dissociation Scheme 

As mentioned, the calculation of the combustion zone temperature, during its for-

mation and evolution, involves chemical dissociation of combustion products. This mecha-

nism results in noticeable decrease of combustion temperature, since most of the dissociation 

reactions are endothermic. The proposed model makes use of a chemical dissociation scheme 

[230,228,147] which involves 12 species which are identified from a specific sequence num-

ber as follows: (1) O2 for fuel lean or (12) C12H26 for fuel rich mixture, (2) N2, (3) CO2, (4) 

H2O, (5) H, (6) H2, (7) N, (8) NO, (9) O, (10) OH, (11) CO. According to this scheme, it is 

assumed that dissociation reactions eventually comes into chemical equilibrium. This as-

sumption is valid for the most of the species considered, because there reaction times are 

significantly lower compared to the processes taking place inside the combustion chamber 

of Diesel engines. 

For the calculation of the equilibrium concentrations of the aforementioned spe-

cies in every zone at each CA step, the five (1 – 5) mole conservation equations (see Eq. 

(3.65)) describing the combustion for the C–H–O–N system presented in Eq. (3.64) are used, 

in combination with the seven chemical dissociation reactions described in Table 3.1. 

In the previous expressions, x is the mole fraction of each species in the reactants 

and products denoted with subscript r and p respectively and n [kmol] is number of moles. 

The initial values for this calculation, denoted with the superscript 0, are taken from the 

estimated mole fractions assuming that ideal combustion takes place. The calculation of 

these values is attained using the Eq. (3.57) – (3.60) and (3.63) presented in section 3.5.5. If 

combustion is fuel rich ( >1) then the excess fuel is dissociated into its components thus 

its concentration in the final equilibrium products is zeroth (x12,p =0). In this case, as dis-

cussed in section 3.5.4, the aforementioned initial values are calculated considering stoichi-

ometric combustion ( =1). Apparently, for fuel lean ( <1) and stoichiometric combustion, 

(𝑥12,𝑟
0 ∙ 𝐶12𝐻26 + 𝑥1,𝑟

0 ∙ 𝑂2 + 𝑥2,𝑟
0 ∙ 𝑁2 + 𝑥3,𝑟

0 ∙ 𝐶𝑂2 + 𝑥4,𝑟
0 ∙ 𝐻2𝑂) ∙ 𝑛𝑟 → 

→ (𝑥1,𝑝 ∙ 𝑂2 + 𝑥2,𝑝 ∙ 𝑁2 + 𝑥3,𝑝 ∙ 𝐶𝑂2 + 𝑥4,𝑝 ∙ 𝐻2𝑂 + 𝑥5,𝑝 ∙ 𝐻 + 𝑥6,𝑝 ∙ 𝐻2 + 

+𝑥7,𝑝 ∙ 𝑁 + 𝑥8,𝑝 ∙ 𝑁𝑂 + 𝑥9,𝑝 ∙ 𝑂 + 𝑥10,𝑝 ∙ 𝑂𝐻 + 𝑥11,𝑝 ∙ 𝐶𝑂) ∙ 𝑛𝑝 

(3.64) 

𝐴 =
𝑛𝑟
𝑛𝑝

 

(𝟏. )⁡𝑪:⁡⁡⁡𝐴 ∙ (12 ∙ 𝑥12,𝑟
0 + 𝑥3,𝑟

0 ) = 𝑥3,𝑝 + 𝑥11,𝑝 

(𝟐. )⁡𝑯:⁡⁡⁡𝐴 ∙ (26 ∙ 𝑥12,𝑟
0 + 2 ∙ 𝑥4,𝑟

0 ) = 2 ∙ 𝑥4,𝑝 + 𝑥5,𝑝 + 2 ∙ 𝑥6,𝑝 + 𝑥10,𝑝 

(𝟑. )⁡𝑶:⁡⁡⁡𝐴 ∙ (2 ∙ 𝑥1,𝑟
0 + ⁡2 ∙ 𝑥3,𝑟

0 + 𝑥4,𝑟
0 ) = 

= ⁡2 ∙ 𝑥1,𝑝 + 2 ∙ 𝑥3,𝑝 + 𝑥4,𝑝 ⁡+ 𝑥8,𝑝 + 𝑥9,𝑝 + 𝑥10,𝑝 + 𝑥11,𝑝 

(𝟒. )⁡𝑵:⁡⁡⁡𝐴 ∙ 2 ∙ 𝑥2,𝑟
0 = 2 ∙ 𝑥2,𝑝 + 𝑥7,𝑝 + 𝑥8,𝑝 

(𝟓. )⁡∑ 𝑥𝑗
12

𝑗=1
= 1 

(3.65) 
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the fuel fraction in both products and reactants of the reaction described in Eq. (3.62) is 

zeroth (x12,r = x12,p = 0). According to the above, 12 unknown parameters occur: 11 concen-

trations (x1 or x12 and x2 – x11) and the number of products’ mole (np). Hence, seven additional 

equations must be used among with the five aforementioned conservation equations (Eq. 

(3.65)). Thus, seven chemical dissociation reactions are used for the solution of the system 

which provides the equilibrium composition of the mixture. These reactions are demon-

strated in Table 3.1: 

Chemical Reactions 

1

2
𝐻2 ↔ 𝐻 

1

2
𝑂2 ↔ 𝑂 

1

2
𝑁2 ↔ 𝑁 

2𝐻2𝑂 ↔ 2𝐻2 + 𝑂2 

𝐻2𝑂 ↔ 𝑂𝐻 +
1

2
𝐻2 

𝐶𝑂2 + 𝐻2 ↔ 𝐻2𝑂 + 𝐶𝑂 

𝐻2𝑂 +
1

2
𝑁2 ↔ 𝐻2 + 𝑁𝑂 

P=pi[bar]/1bar: normalized in–cylinder pressure 

Table 3.1: Chemical reactions used in the chemical 

dissociation of the combustion products scheme. 

To utilize the considered chemical reactions of Table 3.1, the assumption of equi-

librium was adopted, as mentioned. Thus, the equations derived from the definition of the 

corresponding equilibrium constants (Kp) and from the calculated Kp values via Gibbs free 

energy minimization method (using NASA polynomials [180] (see Appendix d) for the cal-

culation of Gibbs free energy), were utilized (see Table 3.2). 

Constant Kp for each reaction is defined from Eq. (3.66) [8,231]: 

𝐾𝑝 =∏ (
𝑝𝑗

𝑝0
)
𝜈𝑗,𝑝−𝜈𝑗,𝑟

=
(𝑝1,𝑝 𝑝0⁄ )

𝜈1,𝑝
∙ (𝑝2,𝑝 𝑝0⁄ )

𝜈2,𝑝
∙ ⋯ (𝑝11,𝑝 𝑝0⁄ )

𝜈11,𝑝

(𝑝1,𝑟 𝑝0⁄ )
𝜈1,𝑟
∙ (𝑝2,𝑟 𝑝0⁄ )

𝜈2,𝑟
∙ ⋯ (𝑝11,𝑟 𝑝0⁄ )

𝜈11,𝑟
𝑗

 (3.66) 
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The previous equation is converted in Eq. (3.68), according to the Dalton’s law 

for ideal gases which postulates that the pressure of the mixture (p) equals with the sum of 

partial pressures of its comprised species (pj) as described in Eq. (3.67): 

where the ratio p/p0 is the normalized pressure, p [Pa] is the current cylinder pressure and 

p0 = 105 [Pa] is the reference pressure. 

Constant Kp for each reaction of Table 3.1 is calculated according to the Gibbs 

free energy minimization method described at next. The definition of Gibbs free energy (G 

[J]) is provided from Eq. (3.69): 

where H [J] is enthalpy, S [J/K] in entropy and T [K] is temperature. According to the ideal 

gas assumption, Gibbs free energy and entropy are functions of temperature and pressure (p) 

in contrast to enthalpy, which is only a function of temperature. 

The combination of the following equations provides the correlation between the 

variation of Gibbs free energy and chemical potential μ [J/kmol] for a variation of the num-

ber of moles (dn [kmol]) of each species (j) comprised in the mixture: 

 first thermodynamic law including the term of chemical energy due to the species 

interactions in the mixture as shown in Eq. (3.71), 

 state function of entropy (S [J/K]) described in Eq. (3.70), 

𝑝 =∑ 𝑝𝑗
𝑗

 

𝑝𝑗 = 𝑥𝑗 ∙ 𝑝 ⇒ 𝑥𝑗 =
𝑝𝑗

𝑝
 

(3.67) 

𝐾𝑝 = (
𝑝

𝑝0
)
∑ (𝜈𝑗,𝑝−𝜈𝑗,𝑟)𝑗

∙∏ 𝑥
𝑗

𝜈𝑗,𝑝−𝜈𝑗,𝑟 =
𝑗

 

=
(
𝑝
𝑝0
)
𝜈1,𝑝+𝜈2,𝑝+⋯+𝜈11,𝑝

(
𝑝
𝑝0
)
𝜈1,𝑟+𝜈2,𝑟+⋯+𝜈11,𝑟

∙
𝑥1,𝑝
𝜈1,𝑝 ∙ 𝑥2,𝑝

𝜈2,𝑝 ∙ ⋯ 𝑥11,𝑝
𝜈11,𝑝

𝑥1,𝑟
𝜈1,𝑟 ∙ 𝑥2,𝑟

𝜈2,𝑟 ∙ ⋯ 𝑥11,𝑟
𝜈11,𝑟

 

(3.68) 

𝐺(𝑇, 𝑝) ≜ 𝐻(𝑇) − 𝑇 ∙ 𝑆(𝑇, 𝑝) (3.69) 
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 differentiation of Gibbs free energy as shown in Eq. (3.73) and accompanied with 

the following assumptions: 

 constant pressure (dp = 0), 

 constant temperature (dT = 0), 

 zero useful work (i.e. non 𝑝 ∙ 𝑑𝑉) exchange (dWt =0), 

 ideal gas consideration for the mixture components and 

 reversible (rev) process. 

The aforementioned correlation is shown in Eq. (3.74). 

At chemical equilibrium, the variation of Gibbs free energy (dG [J]) is minimized i.e. be-

comes zero, as shown in Eq. (3.75): 

where  is the differential of the extent of reaction,  is the stoichiometric coefficient of the 

jth species ( corresponds to the chemical reaction that the examined species (j) participates 

into– see Table 3.1) and μ [J/kmol] is the chemical potential, which is identical to the partial 

molar Gibbs function (g [J/kmol]) for constant pressure (p), temperature (T) and species (l, 

other than j). μ is defined from Eq. (3.76): 

Considering the following Eqs. (3.77) and (3.78) for the determination of molar 

entropy (s [J/kmol/K]) and enthalpy (h [J/kmol]) of ideal gas in combination with Gibbs free 

𝑑𝑆 = (
𝛿𝑄

𝑇
)
𝑟𝑒𝑣
⇒ 𝛿𝑄 = 𝑇 ∙ 𝑑𝑆 (3.70) 

𝑑𝐻 = 𝛿𝑄 + 𝑉 ∙ 𝑑𝑝 +∑ 𝜇𝑗 ∙ 𝑑𝑛𝑗
𝑗

⁡,⁡⁡⁡𝑑𝑝 = 0 (3.71) 

𝛿𝑄 = 𝑑𝐻 −∑ 𝜇𝑗 ∙ 𝑑𝑛𝑗
𝑗

= ⁡𝑇 ∙ 𝑑𝑆 (3.72) 

𝑑𝐺 = 𝑑𝐻 − 𝑇 ∙ 𝑑𝑆 − 𝑆 ∙ 𝑑𝑇⁡,⁡⁡⁡𝑑𝑇 = 0 

𝑑𝐺 = 𝑑𝐻 − 𝑇 ∙ 𝑑𝑆 =∑ 𝜇𝑗 ∙ 𝑑𝑛𝑗
𝑗

 
(3.73) 

(𝑑𝐺)𝑝,𝑇,𝑟𝑒𝑣 =∑ 𝜇𝑗 ∙ 𝑑𝑛𝑗
𝑗

 (3.74) 

(𝑑𝐺)𝑝,𝑇,𝑟𝑒𝑣 =∑ 𝜇𝑗 ∙ (𝜈𝑗,𝑝 − 𝜈𝑗,𝑟) ∙ 𝛿𝜉
𝑗

= 0 (3.75) 

𝜇𝑗 = 𝑔𝑗 = (
𝜕𝐺

𝜕𝑛𝑗
)
𝑝,𝑇,𝑛𝑙(𝑙≠𝑗)

 (3.76) 
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energy definition described in Eq. (3.69), the partial molar Gibbs function (g [J/kmol]) can 

be defined from Eq. (3.79). 

𝑠𝑗 = 𝑠
0
𝑗 + ∫

𝑐𝑝𝑗(𝑇)

𝑇
∙ 𝑑𝑇

𝑇

𝑇0

− 𝑅̅ ∙ ln⁡(
𝑝𝑗

𝑝0
) (3.77) 

ℎ𝑗 = ℎ
0
𝑗 + ∫𝑐𝑝𝑗(𝑇) ∙ 𝑑𝑇

𝑇

𝑇0

 (3.78) 

 

In the previous expressions, superscript 0 on entropy and enthalpy term denotes 

the standard–state values which are defined at reference temperature (T0 =298.15 [K]) and 

pressure (p0 =105 [Pa]) [180], cp [J/kmol/K] is the specific heat capacity at constant pressure, 

g0 [J/kmol] is the molar Gibbs free energy at standard–state (0) pressure (pj = p0) and pj [Pa] 

is the partial pressure. The subscript j denotes the sequence number of the species comprised 

in the mixture. 

From the combination of Eqs. (3.75), (3.76) and (3.79) the Eq. (3.80) is derived: 

and after some mathematical processing the above expression is converted to Eq. (3.81): 

In the present study, the equilibrium constants Kp are calculated, using Eq. (3.82) 

derived from Eq. (3.81). 

𝑔𝑗 = ℎ𝑗 − 𝑇 ∙ 𝑠𝑗 

𝑔𝑗 = ℎ
0
𝑗 + ∫𝑐𝑝𝑗(𝑇) ∙ 𝑑𝑇

𝑇

𝑇0

− 𝑇 ∙ 𝑠0𝑗 − 𝑇 ∙ ∫
𝑐𝑝𝑗(𝑇)

𝑇
∙ 𝑑𝑇

𝑇

𝑇0

+ 𝑇 ∙ 𝑅̅ ∙ 𝑙𝑛⁡(
𝑝𝑗

𝑝0
) 

𝑔0
𝑗
= ℎ0𝑗 + ∫𝑐𝑝𝑗(𝑇) ∙ 𝑑𝑇

𝑇

𝑇0

− 𝑇 ∙ 𝑠0𝑗 − 𝑇 ∙ ∫
𝑐𝑝𝑗(𝑇)

𝑇
∙ 𝑑𝑇

𝑇

𝑇0

 

⇒ 𝑔𝑗 = 𝑔
0
𝑗
+ 𝑇 ∙ 𝑅̅ ∙ ln (

𝑝𝑗

𝑝0
) 

(3.79) 

∑ (𝑔0
𝑗
+ 𝑅̅ ∙ 𝑇 ∙ ln (

𝑝𝑗

𝑝0
)) ∙ (𝜈𝑗,𝑝 − 𝜈𝑗,𝑟)

𝑗
= 0 (3.80) 

∑ ln(
𝑝𝑗

𝑝0
)
𝜈𝑗,𝑝−𝜈𝑗,𝑟

𝑗
= −∑

𝑔0
𝑗
∙ (𝜈𝑗,𝑝 − 𝜈𝑗,𝑟)

𝑅̅ ∙ 𝑇𝑗
= −

∆𝐺0

𝑅̅ ∙ 𝑇
= ln(𝐾𝑝) (3.81) 

𝐾𝑝(𝑇) = 𝑒
−
∆𝐺0(𝑇)
𝑅̅∙𝑇 = 𝑒

−
𝐺𝑝
0(𝑇)−𝐺𝑟

0(𝑇)

𝑅̅∙𝑇 = 𝑒
−∑

𝑔0𝑗(𝑇)∙(𝜈𝑗,𝑝−𝜈𝑗,𝑟)

𝑅̅∙𝑇𝑗  
(3.82) 
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where ΔG0 [J] is the Gibbs free energy change at standard–state (0) pressure (p0) of the ex-

amined reaction, which is a function of temperature (T) and of stoichiometric coefficients of 

the participating species. The dimensionless ratio⁡
𝑔0𝑗(𝑇)

𝑅̅∙𝑇
 is calculated using NASA polyno-

mials [180] (see Appendix d) as described in Eq. (3.83) for the current zone temperature (T), 

for each species (j) which participates in the examined chemical reaction. 

At this point, it must be clarified that NASA polynomials are only functions of 

temperature. Particularly, the polynomial for the calculation of entropy (s), of each species, 

calculates the entropy at standard–state pressure (pj=p0), thus the term (ln⁡(
𝑝𝑗

𝑝0
)) of Eq. (3.77) 

becomes zero, namely it calculates only the part of the entropy that is independent from 

pressure⁡(𝑠0𝑗 + ∫
𝑐𝑝𝑗(𝑇)

𝑇
∙ 𝑑𝑇

𝑇

𝑇0
) [232]. Thus, the Gibbs free energy polynomial (fg) is derived 

from the combination of NASA polynomials for entropy (fs) and enthalpy (fh) calculation 

(see Appendix d). The polynomial (fg) for the calculation of g0 is described in Eq. (3.83) 

presented below, which has been derived from Eq. (3.79). Hence, the use of this polynomial 

(fg) provides the Gibbs free energy (g0) for standard–state pressure (p0) at any temperature 

(T). 

After the calculation of g0 (see Eq. 3.83) for each species (j) via the Gibbs mini-

mization method described above, the equilibrium constants Kp of the chemical dissociation 

reactions presented in Table 3.1, can be now calculated from Eq. (3.82). These reactions and 

the calculation of the corresponding Kp are demonstrated in the first and third column of 

𝑓ℎ𝑗
𝑁𝐴𝑆𝐴(𝑇) ≡

ℎ𝑗

𝑅̅ ∙ 𝑇
(𝑇) =

ℎ0𝑗 + ∫ 𝑐𝑝𝑗(𝑇) ∙ 𝑑𝑇
𝑇

𝑇0

𝑅̅ ∙ 𝑇
 

𝑓𝑠𝑗
𝑁𝐴𝑆𝐴(𝑇) ≡

𝑠𝑗

𝑅̅
(𝑇) =

𝑠0𝑗 + ∫
𝑐𝑝𝑗(𝑇)

𝑇 ∙ 𝑑𝑇
𝑇

𝑇0

𝑅̅
 

𝑓𝑔𝑗
𝑁𝐴𝑆𝐴(𝑇) ≡

𝑔0
𝑗

𝑅̅ ∙ 𝑇
(𝑇) =

ℎ𝑗

𝑅̅ ∙ 𝑇
(𝑇) −

𝑠𝑗

𝑅̅
(𝑇) = 𝑓ℎ𝑗

𝑁𝐴𝑆𝐴(𝑇) − 𝑓𝑠𝑗
𝑁𝐴𝑆𝐴(𝑇) 

(3.83) 
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Table 3.2 respectively. Each equilibrium constant Kp has been defined from Eq. (3.68) ac-

counting for the stoichiometry of the respective chemical reaction and is demonstrated in the 

second column of Table 3.2: 

Chemical reaction 
Equilibrium Constant 

definition (Eq. (3.68)) 

Equilibrium Constant Calculation 

(Eq. (3.82)) 

1

2
𝐻2 ↔ 𝐻 𝐾𝑝1 = √𝑃 ∙

𝑥𝐻

√𝑥𝐻2
 

𝐾𝑝1 = 𝑒
−
𝑔0𝐻−

1
2
∙𝑔0𝐻2

𝑅̅∙𝑇  

1

2
𝑂2 ↔ 𝑂 𝐾𝑝2 = √𝑃 ∙

𝑥𝑂

√𝑥𝑂2
 

𝐾𝑝2 = 𝑒
−
𝑔0𝑂−

1
2
∙𝑔0𝑂2

𝑅̅∙𝑇  

1

2
𝑁2 ↔ 𝑁 𝐾𝑝3 = √𝑃 ∙

𝑥𝑁

√𝑥𝑁2
 

𝐾𝑝3 = 𝑒
−
𝑔0𝑁−

1
2
∙𝑔0𝑁2

𝑅̅∙𝑇  

2𝐻2𝑂 ↔ 2𝐻2 + 𝑂2 𝐾𝑝4 = 𝑃 ∙
𝑥𝑂2 ∙ (𝑥𝐻2)

2

(𝑥𝐻2𝑂)
2  𝐾𝑝4 = 𝑒

−
2∙𝑔0𝐻2

+𝑔0𝑂2
−2∙𝑔0𝐻2𝑂

𝑅̅∙𝑇  

𝐻2𝑂 ↔ 𝑂𝐻 +
1

2
𝐻2 𝐾𝑝5 = √𝑃 ∙

𝑥OH ∙ √𝑥𝐻2
𝑥𝐻2𝑂

 𝐾𝑝5 = 𝑒
−
𝑔0𝑂𝐻+

1
2
∙𝑔0𝐻2

−𝑔0𝐻2𝑂
𝑅̅∙𝑇  

𝐶𝑂2 + 𝐻2 ↔ 𝐻2𝑂 + 𝐶𝑂 𝐾𝑝6 =
𝑥𝐻2𝑂 ∙ 𝑥CO

𝑥𝐶𝑂2 ∙ 𝑥𝐻2
 

𝐾𝑝6 = 𝑒
−
𝑔0𝐻2𝑂

+𝑔0𝐶𝑂−𝑔
0
𝐶𝑂2

−𝑔0𝐻2
𝑅̅∙𝑇  

𝐻2𝑂 +
1

2
𝑁2 ↔ 𝐻2 + 𝑁𝑂 𝐾𝑝7 = √𝑃 ∙

𝑥𝐻2 ∙ 𝑥𝑁𝑂

𝑥𝐻2𝑂 ∙ √𝑥𝑁2
 
𝐾𝑝7 = 𝑒

−
𝑔0𝐻2

+𝑔0𝑁𝑂−𝑔
0
𝐻2𝑂

−
1
2
∙𝑔0𝑁2

𝑅̅∙𝑇  

Table 3.2: Definition and calculation of equilibrium constants (Kp) via Gibbs minimization method. 

Normalized pressure: P=pcyl/p0, p0=105 Pa. 

After the calculation of the equilibrium constants, seven nonlinear equations are 

formed (2nd column of Table 3.2) for the mixture equilibrium composition calculation. These 

equations are formed when the right term of the respective equations of the second and third 

column of Table 3.2 are equated. These equations among with the five conservation equa-

tions describing the combustion for the C–H–O–N system (Eq. (3.65)), comprise a nonlinear 

system of 12 equations. This system, after some mathematical processing (i.e. linearization, 

reduction, etc.), is solved using the Newton–Raphson method [233]. The detailed description 

of the computational methodology followed for the solution of the aforementioned system 

is presented analytically in Ref. [147] and [234]. 

As already mentioned, the dissociation scheme is implemented in order to intro-

duce the effect of dissociation in zone temperature, namely the temperature decrease and 

additionally, to calculate the equilibrium composition of the zone, which is used with the 

calculated zone temperature and volume to calculate the NO formation inside the zone. The 

procedure for the NO formation calculation is described in the section below. 

3.5.7  Nitric Oxide Formation Mechanism 

According to literature [14,8,9,30,38] and existing experience, thermal NO is the 

predominant component of NOx, especially for the high–temperature diffusion flame occur-

ring in Diesel engines. Although the NO2/NOx ratio may range from 10–30% for low loads 

in Diesel engines [8], the proposed model calculates only the number of moles of NO pro-

duced in an engine cycle, assuming that this is representative of total NOx. 
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Hence, regarding the examined automotive engines (4–stroke), the predicted mass 

amount of NO [mg/cycle] per engine cycle, is directly compared to the available NO [ppmv] 

experimental measurements which are converted into mass per cycle units [mg/cycle]. This 

conversation is accomplished via Eq. (3.84) using the available measured engine speed (N 

[rpm]), intake air (𝑚̇𝐼𝐴) and fuel mass (𝑚̇𝑓) flow rates, or exhaust mass flow rate [kg/h] 

which are input data (obtained from engine map of are calculated from respective models). 

The estimated exhaust gas composition, namely its molecular weight (MWexh [kg/kmol]) 

which is calculated from Eq. (3.23) in section 3.3.7, is also used in Eq. (3.84). 

Furthermore, regarding the large–scale Diesel engines, IMO regulations [46] refer 

to NOx absolute values in [g/kWh] units in wet basis where nitric oxides are expressed to 

equivalent NO2. This consideration is based on the fact that finally all NO will be converted 

into NO2 in the atmosphere with the same proportion as described in Eq. (3.85): 

According to this rationale, the extracted results for NO [kmol/cycle] are multi-

plied with the NO2 molecular weight (MWNO2 [kg/kmol]) to transform them into equivalent 

NOx [g/cycle]. Then, they are compared to the measured NOx [ppmv] which are also con-

verted to mass per engine cycle units [g/cycle] in wet basis, as described in Eq. (3.86) using 

the fuel flow rate [kg/h], exhaust gas composition, engine speed and ambient conditions to 

estimate the exhaust mass flow rate 𝑚̇𝑒𝑥ℎ [kg/h] via the carbon balance method as proposed 

by IMO [46] and described in Appendix a. 

𝑁𝑂𝑥 [
𝑔

𝑐𝑦𝑐𝑙𝑒
] = 𝑁𝑂𝑥[𝑝𝑝𝑚𝑣] ∙ 10

−3 ∙
𝑀𝑊𝑁𝑂2
𝑀𝑊𝑒𝑥ℎ

∙
𝑠𝑡𝑟.∙ 𝑚̇𝑒𝑥ℎ
120 ∙ 𝑁

 (3.86) 

In the previous expression, str. is the number of strokes for an engine cycle i.e. 2 

for 2–stroke and 4 for 4–stroke engines and the molecular weight of the exhaust gas (MWexh 

[kg/kmol]) which is approximated from the measured exhaust composition (O2, CO2, CO, 

NOx, SO2, H2O). 

Nonetheless, for simplicity, IMO [46] proposed a semi–empirical concept to 

transform dry NOx from [ppmv] to [g/h]. Additionally, if the NOx measurement is in dry 

basis, IMO suggests the multiplication of NOx with a “dry to wet (kwr2)” correction factor. 

This concept is presented in Appendix b. The transformed measured NOx (wet) values are 

converted from [g/h] to [g/cycle] according to Eq. (3.87): 

𝑁𝑂𝑥 [
𝑔

𝑐𝑦𝑐𝑙𝑒
] = 𝑁𝑂𝑥 [

𝑔

ℎ
] ∙

𝑠𝑡𝑟.

120 ∙ 𝑁
 (3.87) 

As mentioned in section 3.5.6, chemical equilibrium of the dissociated combus-

tion products is assumed because the majority of the chemical reactions considered have 

relatively low characteristic reaction time (fast reactions) compared to the processes taking 

𝑁𝑂 [
𝑚𝑔

𝑐𝑦𝑐𝑙𝑒
] = 𝑁𝑂[𝑝𝑝𝑚𝑣] ∙

𝑀𝑊𝑁𝑂
𝑀𝑊𝑒𝑥ℎ

∙
(𝑚̇𝐼𝐴 + 𝑚̇𝑓𝑒𝑛𝑔

)

30 ∙ 𝑁
 (3.84) 

2 ∙ 𝑁𝑂 + 𝑂2 → 2 ∙ 𝑁𝑂2 (3.85) 
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place inside the combustion chamber of a Diesel engine. Nonetheless, this assumption may 

not be satisfactory late during expansion where the in–cylinder charge temperature is signif-

icantly decreased. However, this fact slightly affects the final NO amount since NO levels 

“freeze” early at expansion stroke [30]. On the contrary, nitrogen oxide (NO) rarely reaches 

equilibrium due to the long time required for its formation. Hence, NO formation is kinet-

ically controlled [8,30,31]. Thus, chemical kinetics are used for the calculation of NO con-

centration in the zone. Lavoie et al [30] suggested a scheme which includes the extended 

Zeldovich mechanism (thermal NO mechanism) [29] and NO formation from the N2O mech-

anism. The chemical reactions that participate in this scheme are shown in Table 3.3: 

Chemical Reaction Reaction Number 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁 (1) 

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 (2) 

𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻 (3) 

H + 𝑁2𝑂 ↔ 𝑁2 + 𝑂𝐻 (4) 

O + 𝑁2𝑂 ↔ 𝑁2 + 𝑂2 (5) 

O + 𝑁2𝑂 ↔ 2𝑁𝑂 (6) 

Table 3.3: Chemical reactions for NO formation. 

1 – 3: Extended Zeldovich mechanism, 4 – 6: 

“N2O” mechanism. 

According to this scheme, the concentrations of O2, N2, H, O and OH in the flame 

are close to chemical equilibrium. The NO, N and N2O concentrations are obtained from 

their chemical kinetics equations which represent the variation of the examined species con-

centration ([Mj][kmol/m3]) with time (dt). This variation, for each one of the aforementioned 

substances is defined from the difference between the reaction rates (R) of forward (R+: for-

mation) and reverse (R-: dissipation) reactions of Table 3.3 multiplied with the stoichiometry 

coefficient () of the examined substance (j= NO, N and N2O) and reaction (r=1,2,…6) as 

described in Eq. (3.88): 

The reaction rate (R) of a specific reaction is given from Eq. (3.89): 

where k [m3/kmol/s] is the forward (+) and reverse (-) reaction rate constant of each reaction 

(r=1,2…6) of Table 3.3 and Mj denotes the species that participate in the respective reaction, 

where form denotes formation and diss dissipation of the examined species and finally su-

perscript and subscript eq denotes equilibrium. 

𝑑[𝑀𝑗]

𝑑𝑡
=∑ 𝜈𝑗,𝑟 ∙ (𝑅𝑟

+ − 𝑅𝑟
−)

𝑟
 (3.88) 

𝑅𝑟
+ = 𝑘𝑟

+ ∙ ∏ [𝛭𝑗(𝑓𝑜𝑟𝑚),𝑟]
𝜈𝑗(𝑓𝑜𝑟𝑚),𝑟

𝑗(𝑓𝑜𝑟𝑚)

 

𝑅𝑟
− = 𝑘𝑟

− ∙ ∏ [𝛭𝑗(𝑑𝑖𝑠𝑠),𝑟]
𝜈𝑗(𝑑𝑖𝑠𝑠),𝑟

𝑗(𝑑𝑖𝑠𝑠)

 

𝑅𝑟
𝑒𝑞 = 𝑘𝑟

+ ∙ ∏ [𝛭𝑗(𝑓𝑜𝑟𝑚),𝑟]𝑒𝑞
𝜈𝑗(𝑓𝑜𝑟𝑚),𝑟

𝑗(𝑓𝑜𝑟𝑚)

= 𝑘𝑟
− ∙ ∏ [𝛭𝑗(𝑑𝑖𝑠𝑠),𝑟]𝑒𝑞

𝜈𝑗(𝑑𝑖𝑠𝑠),𝑟

𝑗(𝑑𝑖𝑠𝑠)

 

(3.89) 
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If the reaction rates of Eq. (3.89) substitute the respective ones in Eq. (3.88) con-

sidering equilibrium only for O2, N2, H, O and OH, then the following Eqs. (3.90), (3.91) 

and (3.92) are extracted for the variation of NO, N and N2O concentrations with time, re-

spectively: 

𝑑[𝑁𝑂]

𝑑𝑡
= 𝑘1

+ ∙ [𝑂]𝑒𝑞 ∙ [𝑁2]𝑒𝑞 + 

(𝑘2
+ ∙ [𝑁]𝑒𝑞 ∙ [𝑂2]𝑒𝑞 + 𝑘3

+ ∙ [𝑁]𝑒𝑞 ∙ [𝑂𝐻]𝑒𝑞) ∙
[𝑁]

[𝑁]𝑒𝑞
+ 

+2 ∙ 𝑘6
+ ∙ [𝑂]𝑒𝑞 ∙ [𝑁2𝑂]𝑒𝑞 ∙

[𝑁2𝑂]

[𝑁2𝑂]𝑒𝑞
− 

(𝑘1
− ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝑁]𝑒𝑞 ∙

[𝑁]

[𝑁]𝑒𝑞
+ 𝑘2

− ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝑂]𝑒𝑞 + 𝑘3
− ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝐻]𝑒𝑞) ∙

[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
 

−2 ∙ 𝑘6
− ∙ [𝑁𝑂]𝑒𝑞

2 ∙ (
[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
)

2

 

(3.90) 

 

𝑑[𝑁]

𝑑𝑡
= 𝑘1

+ ∙ [𝑂]𝑒𝑞 ∙ [𝑁2]𝑒𝑞 + 

(𝑘2
+ ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝑂]𝑒𝑞 + 𝑘3

+ ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝐻]𝑒𝑞) ∙
[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
− 

(𝑘1
− ∙ [𝑁𝑂]𝑒𝑞 ∙ [𝑁]𝑒𝑞 ∙

[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
+ 𝑘2

− ∙ [𝑂2]𝑒𝑞 ∙ [𝑁]𝑒𝑞 + 𝑘3
− ∙ [𝑂𝐻]𝑒𝑞 ∙ [𝑁]𝑒𝑞)

[𝑁]

[𝑁]𝑒𝑞
 

(3.91) 

𝑑[𝑁2𝑂]

𝑑𝑡
= 𝑘4

+ ∙ [𝑁2]𝑒𝑞 ∙ [𝑂𝐻]𝑒𝑞 + 𝑘5
+ ∙ [𝑁2]𝑒𝑞 ∙ [𝑂2]𝑒𝑞 + 𝑘6

+ ∙ [𝑁𝑂]𝑒𝑞
2 ∙ (

[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
)

2

 

−(𝑘4
− ∙ [𝐻]𝑒𝑞 ∙ [𝑁2𝑂]𝑒𝑞 + 𝑘5

− ∙ [𝑂]𝑒𝑞 ∙ [𝑁2𝑂]𝑒𝑞 + 𝑘6
− ∙ [𝑂]𝑒𝑞 ∙ [𝑁2𝑂]𝑒𝑞) ∙

[𝑁2𝑂]

[𝑁2𝑂]𝑒𝑞
 

(3.92) 



Savva S. Nicholas – Doctoral Dissertation 

132 

When the equilibrium reaction rates are introduced in the previous expressions 

and⁡
[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
, 
[𝑁]

[𝑁]𝑒𝑞
 and 

[𝑁2𝑂]

[𝑁2𝑂]𝑒𝑞
 are substituted with the symbols α, β and γ respectively, then Eqs. 

(3.90) – (3.92) are converted into Eq. (3.93) – (3.95) respectively: 

As reported in Ref. [30], rough estimates of the magnitude of the terms in equa-

tions (3.93), (3.94) and (3.95) indicate that the relaxation times 3 [235] for Eq. (3.94) and 

(3.95) are several orders of magnitude shorter than that of equation (3.93). Hence, it is ap-

propriate to assume steady–state concentrations for N and N2O, namely⁡
𝑑[𝑁]

𝑑𝑡
=
𝑑[𝑁2𝑂]

𝑑𝑡
= 0. 

This can be further justified from the fact that the activation energy for oxidation of N atoms 

is small and when there is sufficient O2, as in a fuel–lean flame, the rate of consumption of 

free N atoms becomes equal to the rate of its formation and therefore a quasi–steady state 

assumption can be established. This assumption is valid for most combustion cases except 

in extremely fuel–rich combustion conditions [32]. According to the last assump-

tion⁡(
𝑑[𝑁]

𝑑𝑡
=
𝑑[𝑁2𝑂]

𝑑𝑡
= 0), the coefficients β and γ are eliminated from Eq. (3.93) using Eq. 

(3.94) and (3.95) and thus Eq. (3.93) is converted to the following Eq. (3.96) which describes 

the NO formation: 

where the first term in the large brackets corresponds to the extended Zeldovich mechanism 

(reactions 1 – 3 of Table 3.3) and the second one (reactions 4 – 6 of Table 3.3) to the N2O 

mechanism which uses the N2O as an intermediary. 

As revealed from the investigation presented in Ref. [30], most of NO is formed 

via the extended Zeldovich mechanism except the cases with lean mixtures at low tempera-

tures. The last is not the usual case for Diesel engines during combustion except at low load 

operation or/and very high ERG rate, and late during exhaust phase where the N2O mecha-

                                                 

3 Relaxation time is the lagging time required for a chemical reaction to reach the new equilibrium position after the appli-

cation of a sudden change (i.e. temperature, pressure, etc.) on it and is related to its reaction rate constants (k+ and k-). 

𝑑[𝑁𝑂]

𝑑𝑡
= 𝑅1

𝑒𝑞 + (𝑅2
𝑒𝑞 + 𝑅3

𝑒𝑞) ∙ 𝛽 + 2 ∙ 𝑅6
𝑒𝑞 ∙ 𝛾 − 

(𝑅1
𝑒𝑞 ∙ 𝛽 + 𝑅2

𝑒𝑞 + 𝑅3
𝑒𝑞 + 2 ∙ 𝑅6

𝑒𝑞 ∙ 𝛼) ∙ 𝛼 

(3.93) 

𝑑[𝑁]

𝑑𝑡
= 𝑅1

𝑒𝑞 + (𝑅2
𝑒𝑞 + 𝑅3

𝑒𝑞) ∙ 𝛼 − (𝑅1
𝑒𝑞 ∙ 𝛼 + 𝑅2

𝑒𝑞 + 𝑅3
𝑒𝑞) ∙ 𝛽 (3.94) 

𝑑[𝑁2𝑂]

𝑑𝑡
= 𝑅4

𝑒𝑞 + 𝑅5
𝑒𝑞 + 𝑅6

𝑒𝑞 ∙ 𝛼2 − (𝑅4
𝑒𝑞 + 𝑅5

𝑒𝑞 + 𝑅6
𝑒𝑞) ∙ 𝛾 (3.95) 

𝑑[𝑁𝑂]

𝑑𝑡
= 2 ∙ (1 − 𝛼2) ∙

(

 
 𝑅1

𝑒𝑞

1 + 𝛼 ∙
𝑅1
𝑒𝑞

𝑅2
𝑒𝑞 + 𝑅3

𝑒𝑞

+
𝑅6
𝑒𝑞

1 + 𝛼 ∙
𝑅6
𝑒𝑞

𝑅4
𝑒𝑞 + 𝑅5

𝑒𝑞
)

 
 

 (3.96) 
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nism may become dominant. However, the last does not affect significantly the NO calcula-

tion since both mechanisms are very slow and effectively frozen, generally earlier than the 

time where the N2O mechanism would become important. 

Therefore, in the present work, only the extended Zeldovich mechanism is taken 

into account. This was decided after a comparison between the results derived from the im-

plementation of both methods: the aforementioned method, which includes both mecha-

nisms and the simplified one, which includes only extended Zeldovich mechanism. The 

comparison revealed that both mechanisms provide quite similar results. Hence, only the 

extended Zeldovich mechanism was utilized since it requires lower computational cost while 

providing decent predictions. In addition, more detailed NOx formation mechanisms 

[38,39,40,41] were not examined because they introduce high complexity, increase sensitiv-

ity and computational time of the system. 

At next, the NO formation mechanism used to calculate the number of moles of 

NO [kmol] in each zone (z) and CA step (i) is outlined in Eq. (3.97) which is derived from 

Eq. (3.96): 

where V [m3] is the volume of the current zone (z) calculated as described in sections 3.5.3 

and 3.5.4, N [rpm] is the engine speed which is assumed constant throughout the cycle and 

Req [kmol/m3/s] are the equilibrium reaction rates defined from Eq.(3.89) using the chemical 

equilibrium compositions [⁡]𝑒𝑞 ≡
𝛭𝑗

𝑉𝑧𝑖
 [kmol/m3] of the comprised species, which have been 

calculated from the dissociation scheme, as described in section 3.5.6, and the respective 

reaction rate constants (k [m3/kmol/s]) which are derived from the comprehensive experi-

mental studies of R. K. Hanson and S. Salimian presented in Ref. [236]. The equilibrium 

reaction rates used in the proposed model are shown in Table 3.4: 

Chemical Reaction Req [kmol/m3/s] k [m3/kmol/s] 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁 𝑘1
+ ∙ [𝑂]𝑒𝑞 ∙ [𝑁2]𝑒𝑞 𝑘1

+ = 1.8 ∙ 1011 ∙ 𝑒−
38370
𝑇  

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 𝑘2
+ ∙ [𝑁]𝑒𝑞 ∙ [𝑂2]𝑒𝑞 𝑘2

+ = 1.8 ∙ 𝑇 ∙ 107 ∙ 𝑒−
4680
𝑇  

𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻 𝑘3
+ ∙ [𝑁]𝑒𝑞 ∙ [𝑂𝐻]𝑒𝑞 𝑘3

+ = 7.1 ∙ 1010 ∙ 𝑒−
450
𝑇  

Table 3.4: Equilibrium reaction rates used in NO formation mechanism used in the 

proposed model. 

(
𝑑𝑁𝑂

𝑑𝜃
)
𝑧𝑖

= (
𝑑[𝑁𝑂]

𝑑𝑡
)
𝑧𝑖

∙ 𝑉𝑧𝑖 ∙
𝑑𝑡

𝑑𝜃
= 2 ∙ (1 − 𝛼2) ∙

𝑅1
𝑒𝑞

1 + 𝛼 ∙
𝑅1
𝑒𝑞

𝑅2
𝑒𝑞 + 𝑅3

𝑒𝑞

∙
𝑉𝑧𝑖
6 ∙ 𝑁

 
(3.97) 
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The instantaneous amount of NO [Kmol] formed in each zone is derived from the 

integration of Eq. (3.97) as CA elapses up to exhaust valve opening (EVO), using the Euler 

method [237] described in Eq. (3.98): 

where the CA interval (Δθ) has been divided into k_max smaller equidistance steps (
∆𝜃

𝑘_𝑚𝑎𝑥
) 

for better accuracy and to avoid divergence of the final (k=k_max) predicted NO value which 

is derived from the iteration procedure described in Eq. (3.98) where superscript k denotes 

the iteration sequence number. Regarding the examined zone, denoted with subscript z, the 

initial NO value ((𝑁𝑂)𝑧𝑖
0
)⁡required for the calculation of NO at the current CA step, denoted 

with subscript i, is the final NO value ((𝑁𝑂)𝑧𝑖−1
𝑘_𝑚𝑎𝑥

) calculated at the previous CA step (i-

1). The 
𝑑𝑁𝑂

𝑑𝜃
 term is calculated from Eq. (3.97) using the equilibrium concentrations and re-

action rate constants presented in Table 3.4, which have been calculated using the current 

zone temperature 𝑇𝑧𝑖 [K] at the current CA step (i). 

Following the previously described procedure, the NO formation history of each 

zone is obtained. To calculate the total NO formation history in the combustion chamber, the 

calculated NO amounts of all existing zones (see also Fig. 3.5 for interpretation of the term 

“existing”) are summed at each CA step (i) as shown in Eq. (3.99): 

Apparently, the total NO [kmol] at EVO is calculated from Eq. (3.99) as the sum 

of the NO from all zones at this point i.e. (NO)EVO. 

3.5.8  Calculation of the Zone Equivalence Ratio   

As already mentioned is section 3.5.1 and 3.5.5, the zone equivalence ratio (Φz) 

and the fuel mass attributed to each zone, determine the total zone mass and affect its chem-

ical composition, volume and temperature. These parameters have a significant effect on NO 

formation inside the zone as explained in section 3.5.7. 

In the present work a constant zone equivalence ratio (Φz) was assumed for all 

zones. Although this concept does not correspond to the actual case of DI Diesel engines, it 

has been adopted for low complexity and computational cost reasons. 

To evaluate the validity of this assumption (i.e. constant Φz), a sensitivity analysis 

has been conducted to examine its effect on tailpipe NO values. For this reason, a detailed 

(𝑁𝑂)𝑧𝑖
𝑘
= (𝑁𝑂)𝑧𝑖

𝑘−1
+ (
𝑑𝑁𝑂

𝑑𝜃
)
𝑧𝑖

𝑘−1

∙
∆𝜃

𝑘_𝑚𝑎𝑥
⁡⁡⁡ , 𝑘 = 1,2,⋯ ⁡𝑘_𝑚𝑎𝑥 

(𝑁𝑂)𝑧𝑖
0
= (𝑁𝑂)𝑧𝑖−1

𝑘_𝑚𝑎𝑥
 

(3.98) 

(𝑁𝑂)𝑖 = ∑ (𝑁𝑂)𝑧𝑖
𝑘_𝑚𝑎𝑥

𝑖−𝑆𝑂𝐶+1

𝑧=1

⁡⁡⁡ , 𝑖 = 𝑆𝑂𝐶⋯𝐸𝑂𝐶 

(𝑁𝑂)𝑖 = ∑ (𝑁𝑂)𝑧𝑖
𝑘_𝑚𝑎𝑥

𝐸𝑂𝐶−𝑆𝑂𝐶+1

𝑧=1

⁡⁡⁡ , 𝑖 = 𝐸𝑂𝐶 + 1⋯𝐸𝑉𝑂 

(3.99) 
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investigation was conducted to examine NO variation with Φz. This investigation revealed 

that the Φ used in the combustion mechanism during zone generation is very important for 

the NO calculation because it introduces high sensitivity to the model. This is demonstrated 

in the following Fig. 3.13 where the variation of the ratio between the calculated and meas-

ured NO (or NOx representing equivalent NO2) with Φz variation is depicted, indicatively, 

for four different engine types: 

 

Figure 3.13: Variation of the ratio of calculated and 

measured NOx with zone equivalence ratio Φz for four 

different engine types: passenger car engine with pilot 

injection, truck engine, 2–str. vessel propulsion engine and 

4–str. constant speed power plant engine. For the first two 

engines NOx represent NO and for the last two, NOx 

represent equivalent NO2. 

As shown in Fig. 3.13, tailpipe NOx variation with zone Φ is similar for the engine 

types examined. Furthermore, the sensitivity of the model to Φz is obvious according to the 

gradient of the curves, especially for the automotive engines. The main reason for this, is the 

very low absolute values of NO emitted from these engines compared to the large–scale ones. 

Another important reason is the different trapped mass calculation approaches followed for 

each category, which have been described in sections 3.3.5 – 3.3.7. Namely, the magnitude 

of the bell–curve of Fig. 3.13 strongly depends on the estimated amount of trapped mass 

(mtr). This amount is a determinant factor for the initial temperature of unburnt zone (Tub,0) 

as described in Eq. (3.47) of section 3.5.2. From this equation, it is obvious that the augmen-

tation of the trapped mass induce unburned zone temperature decrease and hence combustion 

zone temperature decrease and vice versa. According to this and from the observation of Fig. 

0.5 0.6 0.7 0.8 0.9 1 1.1 1.2
Zone Equivalence Ratio (z)

0

1

2

3

4

5

6

N
O

x
ca

lc
./

 N
O

x
m

ea
s.

Passenger
Car Eng.

Truck
Eng. Marine

Propulsion
Eng. (2-str.)Power Plant

Eng. (4-str.)



Savva S. Nicholas – Doctoral Dissertation 

136 

3.14, it can be inferred that the sensitivity of the proposed model to Φz is intensified with the 

decrease of trapped mass and hence with the increase of unburnt charge temperature. 

  

  

Figure 3.14: Variation of the ratio of calculated to measured NOx with zone equivalence ratio Φz and 

trapped mass amount for four different engine types: upper left: passenger car engine, upper right: truck 

engine, lower left: 2–str. marine propulsion engine and lower right: 4–str. constant speed power plant 

engine. For the first two engines NOx represent NO and for the last two, NOx represent equivalent NO2. 

Furthermore, regarding Fig. 3.13 and 3.14, it is clearly shown that the calculated 

NO presents a maximum for equivalence ratios (Φ) in the fuel lean region not far from stoi-

chiometry, which is in accordance with the literature [8]. This is explained as follows: Very 

low Φ means high fraction of “cold” unburnt charge amount in the mixture, hence the com-

bustion temperature will be relatively lower compared to the most favorable NO formation 

case. This is the case when the mixture becomes less fuel lean and approaches stoichiometry, 

where ideal combustion occurs and oxygen concentration is adequately high but there is not 

exorbitant “cold” unburnt charge in the mixture to absorb heat and decrease the temperature 

as in the cases of lower Φ. On the contrary, as the mixture becomes richer, even before 

stoichiometry (Φ=1), despite the ideal combustion and the temperature increase, the oxygen 

concentration decreases resulting in lower NO. For stoichiometric and fuel rich mixture 

(Φ>1) inside the zone, the oxygen for NO formation is derived only from the dissociation of 

the combustion products (see Table 3.1), since the oxygen derived from the entrained un-

burnt charge has been completely consumed from the combustion process. After combustion, 

no further oxidizer entrainment from the unburnt zone to the combustion zones occurs. 

Hence the fractions of oxygen (O & O2) and also N2, N and OH participating in the NO 

formation used (see Table 3.4), are continually decreasing because the increasing fractions 

of the products, derived from the dissociation of the excess fuel, are taking their place. The 
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last also affects the dissociation reactions’ equilibrium constants (see Table 3.2) and thus the 

final equilibrium composition. Moreover, late during expansion, as temperature decreases 

further, the production of oxygen through the dissociation effect is diminishing. To provide 

a schematic representation of the previous justification, in Fig. 3.15, the variation of the 

equilibrium mole fractions of O2, O, OH, N, N2 (which are participating in extended Zeldo-

vich mechanism – see section 3.5.7) with zone equivalence ratio  and CA time is indica-

tively depicted for the tenth zone generated in the combustion chamber of a large–scale 2–
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stroke marine propulsion engine. In Fig. 3.15, the variation of the kinetically formed NO is 

also depicted. 
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Figure 3.15: Variation of the equilibrium mole fractions of O2, O, OH, N, N2 and kinetically formed NO, for 

a specific zone (i.e. zone 10 which is generated at the 10th CA step after SOC). 

Nonetheless, the most important observation of Fig. 3.13, is the occurrence of two 

ideal values of zone Φz that provide optimum results, namely⁡
𝑐𝑎𝑙𝑐.𝑁𝑂

𝑚𝑒𝑎𝑠.𝑁𝑂
= 1, called Φ*. The 

Φ* value, for each test case examined, was derived directly from the process depicted in Fig. 

3.13, using the modified false position, root finding method (regula falsi) [227] described in 

Appendix g. In order to estimate the ideal value (Φ*) of zone equivalence ratio (Φz) for each 
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operating point, an empirical correlation is introduced. This correlation involves typical en-

gine operating parameters and values derived from the measured cylinder pressure pro-

cessing and HHR analysis. 

The empirical/statistical correlation for the estimation of Φz (calculated only once 

for an engine cycle) emerged from a multiple regression analysis using numerous engine 

operating parameters and special parameters derived from the processing of pressure trace 

and HRR analysis in order to correlate them with Φ*. The data for this analysis have been 

derived from all test cases examined. Some of the examined parameters are demonstrated in 

Table 3.5: 

S/N Parameter Definition S/N Parameter Definition 

1 
𝑝𝑎𝑚𝑏[𝑏𝑎𝑟]

1[𝑏𝑎𝑟]⁄  8 𝜃𝑐𝑜𝑚𝑏.𝑚𝑎𝑥
𝑇𝐷𝐶⁄  

2 
𝑇𝑎𝑚𝑏[°𝐶]

25[°𝐶]⁄  9 𝑆𝑂𝐶𝑚𝑎𝑖𝑛
𝑇𝐷𝐶⁄  

3 
𝑝𝑐𝑜𝑚𝑝𝑟.𝑠𝑡𝑎𝑟𝑡

𝑝𝑎𝑚𝑏⁄  10 𝜃𝐻𝑅𝑅⁡𝑚𝑎𝑥
𝑇𝐷𝐶⁄  

4 
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛

𝑝𝑎𝑚𝑏⁄  11 𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 

5 
𝑝𝑐𝑜𝑚𝑏.𝑚𝑎𝑥

𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛
⁄  12 𝛷𝑐𝑦𝑙.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 

6 
𝑝𝑐𝑜𝑚𝑏.𝑚𝑎𝑥

𝑝𝑎𝑚𝑏⁄  13 
𝑆𝑝
𝑆𝑝𝑟𝑒𝑓
⁄  

7 𝐶𝑂𝐶
𝑇𝐷𝐶⁄  14 

𝑃
𝑃𝑟𝑒𝑓⁄  

Table 3.5: The engine operating parameters and special parameters 

of the measured pressure trace and HRR diagram used in the 

multiple regression analysis to evaluate their correlation with zone 

equivalence ratio Φz. 

In the previous table, p is the pressure, θ is the CA after bottom dead center (ABDC 

 0+°), P and Sp are the engine brake power and mean piston speed respectively. Pref corre-

sponds to the nominal brake power regarding large–scale engines and to the maximum brake 

power output regarding the automotive engines. Sp,ref has been defined equal to 10 [m/s]. 

SOCmain, COC and TDC (TDC≡180° CA ABDC) are the CA of start of main combustion, 

center of combustion and top dead center respectively ABDC. Subscripts compr. start de-

notes the CA [°ABDC] where the compression initiates, namely intake valve closure (IVC) 

for 4–stroke engines and exhaust valve closure (EVC) for 2–stroke engines, comb. max de-

notes the CA [°ABDC] where the maximum pressure occurs after combustion commence-

ment and HRR max denotes the CA [°ABDC] where the maximum HRR occurs. p is the 

absolute in–cylinder pressure eng. overall and cyl. overall is the mean engine and cylinder equiv-

alence ratio respectively. The last two are defined in Eq. (3.100): 

𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =
𝑚̇𝑓𝑒𝑛𝑔
𝑚̇𝐼𝐴

∙
𝜈𝑂2 ∙ 𝑀𝑊𝑂2
𝑦𝑎𝑚𝑏𝑂2

 

𝛷𝑐𝑦𝑙.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =
𝑚𝑓𝑐𝑦𝑙
𝑚𝑡𝑟

∙ 𝐴𝐹𝑅𝑠𝑡 

(3.100) 
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where 𝑚̇𝑓𝑒𝑛𝑔
 and 𝑚̇𝐼𝐴 are the engine’s fuel and ambient air mass flow rates [kg/h] respec-

tively,O2 [kmol/kg fuel] is the O2 stoichiometric coefficient calculated from Eq. (3.32) for 

the fuel used as described in section 3.4.5, MWO2 is the molecular weight of O2, 𝑦𝑎𝑚𝑏𝑂2
=

0.232 is the typical mass fraction of O2 in ambient air, 𝑚𝑓𝑐𝑦𝑙
 and 𝑚𝑡𝑟 are the burnt fuel and 

trapped unburnt charge mass [kg] in the cylinder during an engine cycle respectively. 𝑚𝑓𝑐𝑦𝑙
 

is calculated from Eq. (3.41) in section 3.4.7 and 𝑚𝑡𝑟 is calculated as described in section 

3.3. 

As revealed from the aforementioned analysis, only the “right-side” Φ* value (see 

Fig. 3.13) can be associated with some of the parameters of Table 3.5. This is convenient for 

the following reasons: 

 The Extended Zeldovich NO formation mechanism used in the present model, is 

commonly considered valid/reliable for combustion near stoichiometry. This is 

not deviate significantly from reality since during NO formation, the local Φ is 

close to stoichiometry (stoichiometric diffusion flame [15]). 

 Furthermore, the “left-side” Φ* value (see Fig. 3.13) is close to the cylinder overall 

mean equivalence ratio (Φcyl.,overall). This is a shortcoming, because for Φ values 

less than Φcyl.,overall, the calculation concept followed (see section 3.5.1) collapses. 

This is caused from the assumption of constant Φ for all zones during the entire 

engine closed cycle. Hence, if Φ < Φcyl.,overall, the available unburnt charge will 

not be enough to form the total of the resulting zones during combustion of the 

injected fuel which have been distributed to these zones. Then, the mass for the 

unburnt zone will unlikely become zero and the calculation procedure will be ter-

minated. Additionally, even if Φ is slightly greater than Φcyl.,overall, convergence 

issues may occur.  

 Moreover, as shown in Fig. 3.14, the “right-side” Φ* has smaller sensitivity to the 

trapped mass amount compared to the “left-side” one. 

Then, an elimination procedure was adopted to disqualify the parameters which 

are correlated less with the “right-side” Φ* in order to simplify the polynomial for zone Φ 

calculation, minimize the introduced error sources and keep low the number of the required 

inputs. This procedure was performed using the F and t test [238] and also AIC and BIC 

models [239,240] via computer statistical programs [241,242,243], intending to keep as less 

parameters as possible without significant deterioration of the coefficient of determination 

(R2). 

When the previous procedure was completed, the experimental data from all test 

cases of the remaining parameters demonstrated in Table 3.6, were utilized through a multi-

ple regression analysis in order to be correlated with Φ*. From this analysis a lineal polyno-

mial for the prediction of the suitable zone equivalence ratio (Φz) was derived. The acquired 

polynomial is an empirical correlation which calculates the Φz as a function of these param-

eters. The significance of the chosen parameters is evident since they provide information 

for the quality and quantity of fuel/unburnt–charge mixture preparation and other important 

characteristics of combustion such as ignition timing, combustion duration and combustion 

evolution, which are mainly affected/determined from the mixture evolution in the cylinder. 
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These characteristics are critical for the description of combustion and hence NO formation, 

especially for the Diesel cycle. 

S/N Parameter Definition 

1 
𝑝𝑐𝑜𝑚𝑝𝑟.𝑠𝑡𝑎𝑟𝑡

𝑝𝑎𝑚𝑏⁄  

2 
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛

𝑝𝑎𝑚𝑏⁄  

3 
𝑝𝑐𝑜𝑚𝑏.𝑚𝑎𝑥

𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛
⁄  

4 𝐶𝑂𝐶
𝑇𝐷𝐶⁄  

5 𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 

6 
𝑆𝑝
𝑆𝑝𝑟𝑒𝑓
⁄  

7 
𝑃
𝑃𝑟𝑒𝑓⁄  

Table 3.6: The chosen parameters 

that the statistical analysis 

indicates as the most effective on 

zone equivalence ratio Φz. 

1. The first (1) parameter of Table 3.6 indicates the effect of the supercharger (intake 

manifold pressure). 

2. The second (2) parameter provides information for the effective compression of 

the trapped charge inside the cylinder before combustion initiation. 

3. The third (3) parameter indicates the grade of pressure rise (pressure derivative) 

due to the combustion event (which strongly affects NO formation) and is related 

with the injection timing, by comparing the pressure at the commencement of 

combustion (𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛) against peak combustion pressure (𝑝𝑐𝑜𝑚𝑏.max⁡). 

4. The fourth (4) parameter provides information for the temporal evolution of the 

combustion during the engine cycle (i.e. combustion duration). 

5. The fifth (5) parameter provides information for the overall engine intake ambient 

air supply with respect to the injected amount of fuel. 

6. The sixth (6) parameter introduces the effect of piston speed (engine speed), 

which is related with the in–cylinder charge perturbation (which contributes in 

fuel–air mixing) and the available time for NOx formation. 

7. Finally, the seventh (7) parameter introduces the effect of engine load. 

In general, the aforementioned parameters provide information for the quality and 

quantity of fuel–unburnt charge mixture preparation, ignition timing and the developed pres-

sures and temperatures inside the cylinder, which have a significant effect on NO formation. 

The final multiple regression analysis was conducted using a weighted (bisquare) 

least squares robust–fit regression method using a computer program [242]. The extracted 

polynomial is described in Eq. (3.101) and it is determined from two sets of coefficients 
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demonstrated in Table 3.7, one for each category, automotive and large–scale Diesel en-

gines. 

 

Polynomial 

Coefficients 

Automotive 

Engines 

Large–Scale 

Engines 

c0 2.2978E+00 1.2186E+00 

c1 -5.4755E-01 1.8397E-01 

c2 3.1672E+01 -4.7380E+00 

c3 -2.2693E-01 -1.2459E-01 

c4 -1.2151E+00 -1.3805E-01 

c5 1.8754E-01 1.0553E-01 

c6 2.4215E-01 7.6885E-02 

c7 6.0551E-03 -7.7165E-02 

Table 3.7: The coefficients of the polynomial for the 

prediction of zone equivalence ratio Φz for automotive and 

large–scale Diesel engines. 

The root mean square error (RMSE) between the polynomial predictions Φz and 

target Φ*, which is calculated from Eq. (3.102), is 1.47% for the automotive engines and 

1.49% for the large–scale Diesel engines. 

In the previous expression, M is the total number of the test cases comprised in 

the sample and t is the sequence number of each one of them. 

The use of the aforementioned empirical correlation, significantly improves qual-

itative the model’s results for the NOx emissions when compared to the use of an arbitrary 

constant Φz (e.g. Φz = 1) or the average of the actual suitable Φ* (i.e.⁡𝛷𝑧 = 𝛷∗̅̅̅̅ ) which have 

been also examined. However, when the model is implemented on a different engine, despite 

the adequate trend prediction, the calculated absolute NOx values, may have noticeable di-

vergence from the experimental ones. Thus to improve the results quantitatively, the raw 

calculated values should corrected using a single scaling factor (SF) for each engine design. 

This is discussed in section 3.5.10. 

At this point, it should be noted that even though the statistical analysis conducted 

herein provides a strong indication that the aforementioned parameters correlate well with 

𝛷𝑧 = 𝑐0 + 𝑐1 ∙ (
𝑝𝑐𝑜𝑚𝑝𝑟.𝑠𝑡𝑎𝑟𝑡

𝑝𝑎𝑚𝑏
)
−1

+ 𝑐2 ∙ (
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛
𝑝𝑎𝑚𝑏

)
−1

+ 𝑐3 ∙
𝑝𝑐𝑜𝑚𝑏.𝑚𝑎𝑥
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛

+ 

+𝑐4 ∙
𝐶𝑂𝐶

𝑇𝐷𝐶
+ 𝑐5 ∙ 𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 + 𝑐6 ∙

𝑆𝑝

𝑆𝑝𝑟𝑒𝑓
+ 𝑐7 ∙

𝑃

𝑃𝑟𝑒𝑓
 

(3.101) 

𝑅𝑀𝑆𝐸⁡[%] = √
1

𝑀
∙∑(𝛷𝑧𝑡 − 𝛷

∗
𝑡)
2

𝑀

𝑡=1

∙ 100 (3.102) 



Development of the Proposed Model 

143 

zone equivalence ratio Φz, further validation of the extracted correlation is required, by mak-

ing use of a greater range of engine configurations, operating points and engine types, to 

come into general conclusions. 

As mentioned, a different set of the coefficients (c0 – c7) of Eq. (3.101) is used for 

the two engine categories examined, i.e. automotive and large–scale engines. This can be 

attributed to the differences in geometrical and operational characteristics of the examined 

types of engines which directly or indirectly affect the in–cylinder conditions and combus-

tion evolution and hence NOx formation. The most important of them are the following: 

 Engine magnitude, cylinder volume, intake air and injected fuel amount. 

 Engine speed which is much lower in large–scale engines. 

 Fuel injection technology. The automotive engines use common rail system while 

the specific large–scale engines examined in the present work, use jerk type fuel 

pumps with a plunger moving in a matched barrel [55], commonly, one for each 

cylinder. 

 Fuel type. Large–scale engines use heavy–fuel oil (for the test cases examined) 

while automotive engines uses ultra–low sulfur Diesel fuel. 

 Type of engine cycle (2/4 stroke) and scavenging method. The majority of the 

large–scale engines examined are 2–stroke in contrast to the automotive engines 

which are 4–stroke. 

 Supercharging method. Pulse pressure for the automotive engines and constant 

pressure for the large–scale ones. 

 The automotive engines are optimized/designed for low emissions (e.g. use EGR 

system, special injectors for low emissions, etc.) to comply with the much stricter 

legislation limits compared to the respective ones for the large–scale engines. 

 Finally, in automotive engines combustion chamber design (e.g. geometry of the 

piston bowl, cylinder head, etc.), fuel injection and valve timing strategies, are 

much more complicated/advanced compared to the respective ones of large–scale 

engines used in ships and power plants. 

Nevertheless, a plausible question arises: why the aforementioned parameters 

were not directly correlated with the raw NOx measurements? To answer this question, an 

investigation was conducted to create a totally empirical correlation for NOx predictions. 

This investigation revealed that the empirical correlation, derived from a multiple regression 

analysis similar to the one applied for the determination of Φz, provides adequate results for 

only a small part of the examined operating points. In most cases fails to capture the trend 

and moreover, it presents very high sensitivity to the input parameters resulting in unac-

ceptable NOx predictions. 

In the section below, a synoptic flow–chart of the proposed NOx model is pre-

sented. 
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3.5.9  The Flow–Chart of the Proposed NO x  Model 
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3.5.10  Calibration of the NO x  Model  

Although the model captures the trend of NO formed in the automotive engines 

examined, when engine power, SOI, EGR, injection and manifold pressure vary and the trend 

of NOx formed in the large–scale engines examined, when engine power and injection timing 

vary, a percentage diversion of the predicted absolute values from the respective measured 

ones may exist. To compensate this, a scaling factor (SF) is applied on the calculated values, 

as described in Eq. (3.103) to optimize the results quantitatively. This factor is constant and 

unique for each engine and is calculated from the ratio of the measured and calculated NO, 

at a specific operating point (calibration point (c)) as described in Eq. (3.104): 

where subscripts i and eng denote the operating point and the examined engine respectively. 

Particularly, for the large–scale engines, the SF is calculated as the measured NOx at the 

higher available load point. This point (70–90% of nominal engine power) was chosen be-

cause it has the highest weighting factor in the test cycles defined by IMO Annex VI regula-

tion 13 for NOx [46] emissions and also, it is close to the actual operating point of most 

marine engines. 

For the examined large–scale engines, the SF ranges from 0.79 to 1.39 with an 

average value at 1.02 and standard deviation at 16%. However, no SF was used for the au-

tomotive engines for the following reasons: 

1. The average relative error was close to unity. 

2. The results are acceptable even without calibration. 

3. High fluctuation of relative error. 

4. High relative error of some cases (due to the much lower absolute NO emissions 

values compared to the large–scale engines). 

5. The automotive engines operate in wide range on engine map (engine speed/load) 

without any specified frequency. Thus, the select of a specific calibration point 

(as for the marine engines case) could not be justified. 

Hence, if an arbitrary calibration point is chosen, due to the aforementioned reasons 3 and 4, 

there is a high possibility to select an inadequate point (e.g. with relative error far from the 

average one or a very high relative error) and therefore seriously deteriorate the results. 

The extracted results from the model, after calibration, are presented in the next chap-

ter. 

 

𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖 = ⁡𝑐𝑎𝑙𝑐. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖 ∙ 𝑆𝐹𝑒𝑛𝑔 (3.103) 

𝑆𝐹𝑒𝑛𝑔 =
𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑒𝑛𝑔,𝑖=𝑐

𝑐𝑎𝑙𝑐. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖=𝑐
 (3.104) 
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Chapter 4 APPLICATION OF THE PROPOSED 

MODEL 

4.1 Model Application on Large–Scale Diesel Engines  

4.1.1  Description of the Test Engines 

For the validation and evaluation of the proposed NOx prediction model, meas-

urements from two different engine categories were used: marine and stationery large–scale 

DI Diesel engines and automotive DI Diesel engines. In the present section, the implemen-

tation of the model on the engines of the first category is presented. The model was imple-

mented on sixteen different large–scale Diesel engines. The experimental data were acquired 

from measurements attained on–board and in real–time from NTUA internal combustion en-

gine (ICE) laboratory research group. The examined engines are categorized into 2 and 4–

stroke, used for propulsion and power generation on ships and for power generation on 

power plants in Greek Islands. All engines are supercharged and the intake air is cooled from 

a sea–water heat exchanger. The examined engines use jerk type fuel pumps [55] one for 

each cylinder. The 2–stroke engines use a uniflow scavenging system with an exhaust head–

valve. The basic geometric and operating features of the examined engines are presented in 

Table 4.1 [56]: 

Engine 
Cyl. 

Numb. 

Bore 

[mm] 

Stroke 

[mm] 

Comp. 

Ratio 

Nom. 

Pow. 

[kW] 

Nom. 

Speed 

[rpm] 

Cycle Application 

A 9 600 1650 18.5 14840 143 2–str. Pow. Gen. 

B 9 600 1650 18.5 14840 143 2–str. Pow. Gen. 

C 7 500 2000 17.9 11080 127 2–str. Ship Prop. 

D 7 600 2400 17.9 16640 105 2–str. Ship Prop. 

E 7 600 2400 17.9 16640 105 2–str. Ship Prop. 

F 12 980 2660 18.5 68340 94 2–str. Ship Prop. 

G 7 840 2400 18.3 28350 102 2–str. Ship Prop. 

H 7 980 2660 18.5 40040 94 2–str. Ship Prop. 

I 6 700 2800 17.9 18620 91 2–str. Ship Prop. 

J 7 600 1650 18.0 11500 143 2–str. Pow. Gen. 

K 6 400 1770 18.0 6810 146 2–str. Ship Prop. 

L 7 600 2400 17.9 15810 105 2–str. Ship Prop. 

M 7 225 300 13.1 905 720 4–str. Ship Gen. 

N 7 210 320 17.0 1120 720 4–str. Ship Gen. 

O 7 270 380 15.9 2310 720 4–str. Ship Gen. 

P 12 460 580 14.5 12600 500 4–str. Pow. Gen. 

Table 4.1: The examined large–scale engines and their basic engine geometry and operation data. 
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4.1.2  Test Cases Examined 

In the present study, 18 measurement sets taken from 16 large–scale, DI Diesel 

engines, presented in Table 4.1, were utilized for the evaluation of the proposed model on 

NOx predictions for large–scale engines. The total number of the test cases examined herein 

is 89. As mentioned in section 4.1.1, the measurements (i.e. pressure trace acquisition, etc.) 

were performed by NTUA ICE laboratory research team using in–house software and hard-

ware. The measurement procedure was completed in a period of ~18 months. The NOx meas-

urements for the aforementioned engines were taken at various engine loads and start of 

injection (SOI) timings. Here, it is clarified that for marine propulsion engines, the load var-

iation corresponds directly to engine speed variation since the engine power follows the pro-

peller law, namely the engine speed determines the engine load. On the contrary, for station-

ary engines, namely the power generators, engine speed is constant and hence the engine 

power is defined from generator power (load) demands. SOI was modified using the variable 

injection timing (VIT) [55] system whenever available. The effect of fuel change from heavy 

fuel oil (HFO) to Diesel fuel oil (DFO) on NOx emission was also examined for a specific 

engine (Engine A, measurement 2b). The test cases examined are summarized in Table 4.2 

[56]: 

Meas. set Engine Numb. of  test points Speed VIT variation 

1 A 6 Const. Yes 

2a A 12 Const. Yes 

2b A 5 Const. No 

3 B 6 Const. Yes 

4 C 4 Var. No 

5 D 5 Var. No 

6 E 4 Var. No 

7 F 4 Var. No 

8 G 6 Var. Yes 

9 H 6 Var. Yes 

10 I 2 Var. No 

11 J 3 Const. No 

12 K (o/b)4 4 Var. No 

13 K (s/t)5 4 Var. No 

14 L 4 Var. No 

15 M 3 Const. No 

16 N 4 Const. No 

17 O 4 Const. No 

18 P 3 Const. No 

Table 4.2: The outline of the test cases examined regarding large–scale engines. 

                                                 

4 o/b: real time on board measurements 
5 s/t: bench measurements of the engine which are recorded in shop–test reports  
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The pressure trace acquisition, pegging and transformation from time to crank 

angle (CA) domain was attained using an in–house diagnostic system which has been de-

signed and developed by Prof. D. T. Hountalas [209,210,138,132]. The procedure has been 

briefly described in section 3.2.2. The system was also used for the estimation of engine 

power and engine fuel consumption after the processing of the measured data. This method-

ology has been MARPOL type approved [208]. These two parameters along with the result-

ing exhaust gas mass flow derived from the carbon balance methodology, are used to convert 

NOx concentration, which is measured in [ppm] units, into absolute values ([g/kWh], [g/kg 

fuel]) with the methodology proposed by IMO [46] and described in Appendix a, b and c. 

Additionally, as mentioned in section 3.5.7, exhaust mass flow rate and engine speed are 

used by the means of Eq. (3.86) to convert the measured NOx from [ppm] to [g/cycle]. The 

carbon balance method used herein (demonstrated in Appendix a and described in IMO An-

nex VI regulation 13 [46]), makes use of the estimated fuel flow rate and the measured ex-

haust emissions concentrations to calculate the exhaust flow. The exhaust emissions (O2, 

CO2, CO, NOx, SO2, H2O) were measured using the MARPOL type approved [244] portable 

analyzer “Testo 350 maritime”. 

In the sections below, the ability of the proposed model to capture the variation 

of NOx with engine power and SOI variation is presented. Furthermore, the NOx emissions 

are presented in [g/cycle] units because the NOx formation tendency is more clear compared 

to the use of [g/kg fuel] or/and [g/kWh]. Furthermore, regarding model’s results, the presen-

tation in [g/cycle], minimizes the effect of the calculation error derived from the power and 

fuel consumption estimation. 

4.1.3  NOx  Variation with Engine Power  

In the present section, the ability of the proposed model to capture the trend of 

NOx emissions with engine power (i.e. engine load) variation and adequately approach the 

measured NOx absolute values, is evaluated. Thus, the model is implemented on all large–

scale engines presented in Table 4.1. 

4.1.3.1  Stationary Power Plant Engines 

Initially the results for the power plant engines are presented. For Engine A, which 

is a 2–stroke, constant speed stationary power generation engine, two measurement sets were 

available derived at different periods with different engine adjustments and ambient condi-
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tions. Hence, slightly different NOx amounts for the respective operating points were rec-

orded. For this reason both sets were examined and the results are depicted in Fig. 4.1 and 

Fig. 4.2 respectively: 

  

Figure 4.1: First set of measurements for Engine 

A. Calculated and measured NOx vs. engine power 

for two different SOI settings. 

Figure 4.2: Second set of measurement (2a) for 

Engine A. Calculated and measured NOx vs. engine 

power for three different SOI settings. 

Engine B is of the same type with A and located at the same power plant. The 

calculated and measured NOx emissions of Engine B are depicted in Fig. 4.3. In these graphs 

(Fig. 4.1 – 4.3), the effect of the SOI variation on NOx emissions is also presented. As shown, 

despite the relatively small decrease of NOx with SOI retard, the proposed model is able to 

capture this variation. 

 

Figure 4.3: Calculated and measured NOx vs. engine 

power for two different SOI settings for Engine B. 

In Fig. 4.4 and Fig. 4.5 are shown respectively the results for Engine J, which is 

of the same type with Engine A and B (having two cylinders less) and for a 4–stroke (Engine 

P) Diesel unit, both located at another power plant in a Greek Island. The outcome from 

these figures is that the model manages to capture NOx variation with engine power for both 

engines (J and P). Additionally, from Fig. 4.1, Fig. 4.2, Fig. 4.3 and Fig. 4.4 which depicts 

the results for the stationary, constant speed, 2–stroke engines, an increase of NOx with en-

gine power ~2 g/cycle per MW is observed. On the other hand, the respective variation for 
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the constant speed, 4–stroke engine depicted in Fig. 4.5 is ~1.1 g/cycle per MW. As shown, 

the model captures the trends and absolute NOx values adequately: 

  

Figure 4.4: Calculated and measured NOx vs. 

engine power for Engine J. 

Figure 4.5: Calculated and measured NOx vs. 

engine power for Engine P. 

4.1.3.2  Marine 2–Stroke Main Engines 

At next, the results extracted from the implementation of the proposed model on 

the marine main (propulsion) engines examined are demonstrated and discussed. In Fig. 4.6 

the results for Engines D, E and L are presented. These engines are 2–stroke ship propulsion 

ones (marine main engines), of the same type, installed on different vessels. 

 

Figure 4.6: Calculated and measured NOx vs. engine 

power for Engines D, E, and L. 
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gines examined differ. However, NOx increase with engine power for Engine D and E is 
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a steeper variation ~3.1 g/cycle per MW. This difference in trend is probably attributed to the 
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ambient conditions (ambient temperature, pressure, humidity, sea water temperature). Alt-
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observed regarding Engine L (see Fig. 4.6). This is mainly due to the selection of the cali-

bration point. Regarding Engine D, the slight deviation of the NOx trend at low load is due 

to the inaccurate estimation of the zone  from the respective empirical correlation ((3.101)) 

resulted from the inaccurate determination of some of its input data. The last stems mostly 

from the pressure trace signal noise and its improper smoothing. 

In Fig. 4.7, two different sets of measurements for Engine K are provided: on–

board measurements and measurements acquired at test–bench during the shop–test proce-

dure. For the second case, only performance measurements were acquired while NOx values 

were taken from the corresponding “parent engine”6 NOx–file from which the test conditions 

were quite similar. 

 

Figure 4.7: Calculated and measured NOx vs. engine 

power for Engine K for on–board (O.B.) and for shop–test 

measurements (S.T.). 

The observation of Fig. 4.7 indicates a steeper variation of NOx with engine power 

for the first case ~1.8 g/cycle per MW compared to the second one which is 0.9 g/cycle per 

MW. The differences in trend and in exhaust NOx values are to be expected because they 

depend strongly on the application, current engine settings and ambient conditions. However, 

the model manages to capture the NOx trend for each engine because it makes use of the 

actual combustion characteristics provided from the measured pressure trace. 

In Fig. 4.8 – 4.12 the results derived from the application of the proposed model 

on Engines C and F – I are shown. These are also 2–stroke ship main engines. From these 

figures, it is observed a variation of NOx with engine power ~1.1 g/cycle per MW for Engine 

C, ~2.1 g/cycle per MW for F and J, ~2.3 g/cycle per MW for G and ~2.8 g/cycle per MW for 

H and I. Specifically in Fig. 4.11, the increase of NOx due to SOI advance for engine H is 

                                                 

6“Parent engine” is a test engine with the same major geometry and operation characteristics with the examined engine. The experimental 

emissions and performance measurements of the “parent engine” are recorded on the respective NOx–file. 
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also demonstrated. As revealed, the model captures the NOx trend and absolute values satis-

factorily. 

  

Figure 4.8: Calculated and measured NOx vs. 

engine power for Engine C. 

Figure 4.9: Calculated and measured NOx vs. 

engine power for Engine F. 

 

 

Figure 4.10: Calculated and measured NOx vs. engine 

power for Engine G. 
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Figure 4.11: Calculated and measured NOx vs. 

engine power for engine H for two different SOI 

settings. 

Figure 4.12: Calculated and measured NOx vs. 

engine power for Engine I. 

4.1.3.3  Marine 4–Stroke Auxiliary Engines 

In Fig. 4.13 – 4.15 are presented the results for three 4–stroke, constant speed, DI 

Diesel auxiliary engines which are established on different vessels and used for power gen-

eration (Engines M, N, O respectively). The observation of these figures indicates a variation 

of NOx with engine power of about ~0.5 g/cycle per MW. The lower slope compared to the 

ones of the main (propulsion) engines (2–stroke) is attributed to the fact that the auxiliary 

engines are of different design and type (i.e. 4–stroke, having significantly higher engine 

operating speed which remains constant with load and have lower displacement volume), 

different injection strategy, etc. From Fig. 4.13 – 4.15, the ability of the proposed model to 

capture both, trends and absolute values for this type of engines, is also proven. 

 

Figure 4.13: Calculated and measured NOx vs. engine 

power for Engine M. 
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Figure 4.14: Calculated and measured NOx vs. 

engine power for Engine N. 

Figure 4.15: Calculated and measured NOx vs. 

engine power for Engine O. 

The general conclusion from the observation of Fig. 4.1 – 4.15 is the almost linear 

variation of NOx with engine power but with a different gradient. It is also clear that the 

model is able to predict the trend of NOx with engine load for both, 2 and 4–stroke engines. 

Furthermore, for the majority of the test cases, the absolute NOx values are approached sat-

isfactorily. 

4.1.4  Evaluation of Model Capability to Predict NOx  with the Start 

Of fuel Injection (SOI)  Variation 

It is widely recognized that SOI has a strong effect on NOx emissions. SOI is an 

important parameter because of its effect on peak combustion pressure and brake specific 

fuel consumption. For most marine and stationary applications a VIT system [55] is used to 

adjust the SOI, with minimum effort and vary it according to engine power or speed. For this 

reason, the capability of the model to capture the effect of SOI on NOx emissions is examined 

by detail in this section.  

The calculated NOx emissions are compared against the measured ones as SOI 

varies. However, in the following figures, the variation of NOx with start of combustion 

(SOC) is presented. The SOC values, which are directly derived from the pressure trace and 

HRR analysis, presented in section 3.4, are used instead of the injection timings (SOI), which 

were not directly available, assuming that any variation in CA of injection timing, induces 

the same corresponding variation in SOC. 

Herein, measurements from both, stationary and marine applications are used. 

Specifically, measurements from two 2–stroke stationary Diesel engines (Engine A and B) 

used for power generation and two 2–stroke Diesel ship propulsion engines (Engine G and 

H) are utilized. 

4.1.4.1  Stationary 2–stroke, power plant engines  

The results for the stationary 2–stroke, power plant engines (constant speed) are 

depicted in Fig. 4.16 – 4.18. For these engines, the SOI was retarded up to ~3 oCA at various 

engine loads. The results reveal an almost linear variation (reduction) of NOx with SOI retard. 
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The average variation of NOx is ~-3% per oCA. From these figures, is observed that the slope 

becomes slightly steeper with the increase of engine load. As shown a good agreement be-

tween the measured and predicted NOx values is achieved. 

  

Figure 4.16: Calculated and measured NOx vs. 

SOC for Engine A: 1st measurement set. 

Figure 4.17: Calculated and measured NOx vs. 

SOC for Engine A: 2nd measurement set (2a). 

 

 

Figure 4.18: Calculated and measured NOx vs. SOC for 

Engine B. 

4.1.4.2  Marine 2–stroke main engines  

The results for the marine Diesel Engines G and H (variable speed) are depicted 

in Fig. 4.19 and 4.20 respectively. From the observation of Fig. 4.19, regarding Engine G, it 

can be deduced that the variation of NOx with SOI is negligible for the SOI variation range 

examined. The experimental data reveal that for a SOI retard of ~0.7o, NOx is reduced by 

~3%. On the other hand, advancing SOI by ~0.3° and ~0.6° from the default injection timing, 

a ~3% and ~1% NOx reduction is induced respectively (compared to the NOx at default in-

jection timing). The reason for NOx reduction in both cases, advance and retard is that the 

maximum combustion pressure decreases slightly, which reveals possible additional varia-

tion of other engine operating parameters. Unlikely, for the specific case, the model fails to 

capture the NOx variation when SOI is retarded, possibly due to the very small NOx variation 
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and differences in operating conditions. Furthermore, it should be noted that, for the specific 

case, the variation of SOI is too low to derive safe conclusions. 

For Engine H, a NOx increase of ~7% per oCA of SOI advance is observed for 

both loads examined. As shown in Fig. 4.20 the model manages to adequately capture the 

NOx trend, however a constant divergence in absolute values at lower load is observed. 

  

Figure 4.19: Calculated and measured NOx vs. 

SOC for Engine G. 

Figure 4.20: Calculated and measured NOx vs. 

SOC for engine H. 
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the trend of NOx with SOC for the test cases examined, despite the fact that the actual varia-

tion of NOx, in some cases, is very low. 

4.1.5  NOx  Variation with Change of Fuel Type from HFO to DFO 
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using low sulfur fuels. These measurements were taken in the same session (2nd measure-

ment set (2b)) with the ones of VIT variation of Engine A (see Table 4.2). In Fig. 4.21, the 

variation of NOx against DFO content in the fuel is depicted: 

 

Figure 4.21: Calculated and measured NOx vs. DFO 

content in the fuel for Engine A. 

At this point, is mentioned that in the specific case the measurements were initi-

ated, while the engine was operated using fuel consisting 100% of HFO. Following, a num-

ber of measurements were conducted during the transition from HFO to DFO operation, in 

order to evaluate the effect of the fuel switching on the engine performance and exhaust 

emissions. During the transition period it was assumed that the two fuels were completely 

mixed and homogenized forming an equivalent fuel (mixture of HFO and DFO) [245]. 

From Fig. 4.21, the ability of the model to capture the trend and adequately ap-

proach the absolute values of NOx, as the mass percentage of the DFO in the fuel augments 

and the respective mass fraction of HFO decreases, is evident. The variation is approxi-

mately linear. The NOx decrease is ~3% per 10% DFO content increase in the fuel for the 

mid–load and ~4% per 10% DFO content increase in the fuel for the low–load. The model 

accomplishes decent NOx predictions, because it makes use of the actual HRR derived from 

the measured in–cylinder pressure trace. 

The decrease of NOx emissions with the augmentation of DFO content in the fuel 

is mainly a result of better ignitability of DFO fuel and hence shorter ignition delay period 

and thus limited high temperature premixed combustion. Moreover the DFO fuel consists 

less nitrogen compared to HFO, thus the fuel NOx formation mechanism is also limited, 

despite the fact that its contribution in total NOx is rather small. Moreover, as explained later, 

when the DFO content augments, the SOI is retarded resulting in further NOx reduction. SOI 

retard appears to be the main cause for the observed NOx reduction 

In Fig. 4.22, is depicted the variation of SOC (in °CA) with the augmentation of 

DFO content in the fuel, derived from the processing of the “average cylinder” pressure trace. 

This trace is derived from averaging of the corresponding raw pressure traces of all engine 
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content in the fuel resulting in lower peak pressures and mean in–cylinder temperatures and 

thus lower NOx formation. 

  

Figure 4.22: Average SOC variation vs. DFO content in 

the fuel for Engine A. 

The SOC retard is due to the fuel injection retard. This is addressed to the fuel 

injection system characteristics and fuel physical properties, which are explained as follows:  

The fuel injection system of the specific engine uses jerk type fuel injection 

pumps, one for each cylinder, with a plunger reciprocating in a matched barrel [55]. The 

reciprocating plunger has a vertical, helical crevice on its interface with the matched barrel. 

The position at which the crevice is aligned to the barrel’s spill hole, determined from the 

position of the fuel rack, determines the fuel mass that will be compressed and injected to 

the combustion chamber. 

During the upwards move of the plunger, the barrel’s volume (V [m3]) decreases 

and hence the pressure (p [Pa]) of the trapped fuel mass (m [kg]) increases. When the fuel 

pressure overtake a pressure threshold where the injector needle lifts, the injection process 

initiates. It is noted that the position of the plunger inside the barrel (and hence the barrel 

volume) is directly coupled (cam controlled) with the position of the engine’s crank shaft 

and thus piston position with respect to TDC. 

The fuel properties have an impact on the aforementioned fuel injection process. 

Specifically, due to the higher compressibility of DFO when compared to HFO, as the DFO 

content in the fuel augments during the transition period from HFO to DFO, causes a fuel 

compressibility increase (which means that the fuel becomes more compressible, namely for 

a specific pressure occupies less volume). Thus, the trapped fuel volume must be further 

decreased in order to acquire the adequate pressure for the injection initiation. This is also 

justified from the definition of fluid compressibility (β [Pa-1]) provided in Eq. (4.1). There-

fore, the plunger should be moved further upwards to achieve the required fuel pressure for 

injection initiation. This corresponds to a new, retarded CA piston position where the injector 

needle lifts. Hence, fuel injection, regarding CA, is retarded. The injection retard with the 
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increase of fuel compressibility has been also revealed from various investigations in DI 

Diesel engines where a variety of fuel blends were examined [246,247,248]. 
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In addition, viscosity directly affects the amount of fuel that leaks through the 

plunger back to the fuel pump (plunger–barrel clearance and spill hole) and through the nee-

dle to the fuel injection nozzle. High viscosity fuels lead to reduced fuel losses during the 

injection process compared to lower viscosity fuels, resulting in a faster evolution of pressure 

and thus an advance in fuel injection timing [246]. On the contrary, lower viscosity causes a 

less rapid pressure rise within the pump and thus injection is retarded [248]. For the exam-

ined case, the fuel viscosity is decreased with the augmentation of the DFO content in the 

fuel, due to the lower viscosity of DFO compared to HFO. This, contributes to the fuel in-

jection timing retard. Although that the viscosity of the HFO is significantly decreased due 

to the heating of the fuel in higher temperature compared to the cases where DFO is used, 

the difference between the kinematic viscosity of the examined fuels remains noticeable as 

also shown in Fig. 4.23 [249].The heating of the HFO is applied in order to facilitate its flow in 

the fuel circulation and injection system. 

 

Figure 4.23: Kinematic viscosity variation with 

temperature for the reference fuels used (DFO and HFO). 

Furthermore, considering constant engine power output and apparently constant 

engine speed, the fuel density ( [kg/m3]) is decreased as the fuel DFO content augments, 

due to the lower density of DFO compared to HFO and thus the volumetric fuel flow should 

be increased to retain the mass flow constant. On the contrary, the fuel mass flow and hence 

volume flow should be decreased due to the augmentation of LHV with the increase of the 

DFO content in the fuel, since the LHV of DFO is slightly higher than the one of HFO. 

Nevertheless, the fuel racks position increase (which have been recorded during the meas-

urement session), indicates that the actual fuel volume flow eventually increases. This should 
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cause an injection advance7 instead of a retard, if the fuel compressibility was remaining 

constant. Also, the fuel ignitibility is increased as the DFO content in the fuel augments, 

since DFO has higher/better ignitibility than HFO. This should cause shorter ignition delay 

period and hence advanced of SOC. However, the fuel injection retard, deduced from the 

SOC retard (from the observation of HRR diagrams), indicates that the dominant fuel prop-

erty that finally affects the SOI, is the fuel compressibility and viscosity. 

From the literature [248,250,251] is known that the compressibility () for a given 

hydrocarbon liquid fuel, decreases with increasing pressure at constant temperature (T) and 

increases with increasing temperature at constant pressure. The compressibility is strongly 

dependent on the rigidity of the molecular shape, determined from the fuel molecular struc-

ture, and is decreased as the rigidity augments [251]. In addition, the fuel compressibility is 

increased with decreasing density (see also Eq. (4.1)), because a less dense fluid possesses 

more free space to be consumed during compression [250]. 

The effect of the DFO content in the fuel on the in–cylinder pressure and mean 

temperature, HRR and cumulative combustion rate8 of the average cylinder (derived from 

                                                 

7 For constant engine speed, higher volumetric flow from the fuel pump corresponds to lower plunger position at SOI and 

hence lower piston position regarding TDC and thus fuel injection timing advance. 
8 The cumulative combustion rate is acquired from the ratio of cumulative gross heat release (CGHR) at the examined 

instance divided with the CGHR at the end of combustion (EOC). 
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averaging of the respective measurements of each cylinder) is depicted in Fig. 4.24 and 4.25, 

for mid–load and low–load respectively: 

  

  

Figure 4.24: In–cylinder pressure (upper left), mean temperature (upper right), HRR (lower left) and 

cumulative combustion rate (lower right) vs. DFO content in the fuel for mid–load for Engine A. 
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Figure 4.25: In–cylinder pressure (upper left), mean temperature (upper right), HRR (lower left) and 

cumulative combustion rate (lower right) vs. DFO content in the fuel for low–load for Engine A. 

From the observation of Fig. 4.24 and 4.25, the effect of fuel DFO content is 

revealed. Due to the SOC retard, a decrease of the in–cylinder pressure is caused and the 

HRR diagram is shifted to the right. The interpretation of the last is that the combustible 

mixture is burnt under lower pressures (i.e. later in the cycle) and hence the derived temper-

atures are lower resulting lower NOx formation. Moreover, as it can be observed, the slopes 

of the HRR and combustion rate diagrams at the first stages of combustion (i.e. some °CA 

after SOC and up to the CA of the maximum HRR occurrence), are slightly decreased as the 

fuel DFO content increases. This is probably attributed to the improved fuel ignitability with 

the increase of its DFO content which mitigates the effect of premixed (rapid) combustion. 

These, along with a slight increase of trapped mass, cause temperature reduction and thus 

result in less NOx formation. 

The trapped mass increase is reflected on the compression pressure increase of 

the in–cylinder pressure trace. This increase corresponds to intake air mass flow increase 

which is depicted in Fig. 4.26 where the specific intake air mass flow variation is presented, 

in [kg/kWh] units to compensate any load variation during the measurement, as the DFO 

content in the fuel augments. A possible explanation for this, is the following: Since the 

combustion has shifted to the right, when the exhaust valve opens, the turbine is fed with 
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higher enthalpy gas, thus turbocharger power increases resulting in higher scavenging air 

pressure and thus intake air flow. This was observed during the experimental procedure. 

 

Figure 4.26: Specific Intake air mass flow vs. DFO content 

in the fuel for low and mid–load for Engine A. 

4.1.6  Overall  Results and Statistical Analysis  

In the present section, the comparison between the NOx predictions from the im-

plementation of the model on the large–scale engines and the respective measured ones, is 

demonstrated. The overall comparison between calculated (after calibration) and measured 

NOx absolute values is depicted in Fig. 4.27: 

 

Figure 4.27: Comparison of calculated against measured 

NOx values for the entire range of the available 

measurements for large–scale engines. 
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predict the NOx absolute values for various large–scale engine as the engine load and injec-

tion timing (i.e. VIT) vary. The regression between calculated and measured NOx values 

provides the relation between them, which is given in Eq. (4.5): 

The gradient of the above relation (1.022) is closed to unity which means that 

model predicts adequately the measured absolute NOx for the most cases examined. Also, 

the acquired coefficient of determination (R2) is satisfactorily close to unity, which indicates 

that the regression is proper. 

At next, the statistical analysis for the total of test cases (i) examined (89) is pro-

vided, to evaluate the model’s predictions. For this purpose, the absolute (ErrorABS) and rel-

ative error (ErrorREL [%]) between the calculated NOx values obtained from the proposed 

model, after calibration (calibr.NOx, see Eq. (4.3)) and the respective measured ones 

(meas.NOx), are calculated from Eq. (4.3) and (4.4) correspondingly: 

𝐸𝑅𝑅𝑂𝑅𝐴𝐵𝑆𝑖 = ⁡𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑖 −𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖 (4.3) 

𝐸𝑅𝑅𝑂𝑅𝑅𝐸𝐿𝑖 =⁡
𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑖 −𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖

𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖
∙ 100 (4.4) 

The absolute error is calculated in three forms, namely in [g/cycle], [g/kWh] and 

[g/kg fuel] units. The last two and mainly [g/kWh] are commonly used in industry and field 

applications. 

The percentage of test cases of which their corresponding error lies into a specific 

error zone, is demonstrated in Table 4.3: 

Test Cases rel. error (±) abs. error (±) 

[%] [%] [g/cycle] [g/kg fuel] [g/kWh] 

24 0–0 0–0.0 0–0.5 0–0.1 

49 0–5 0–0.5 0–2.5 0–0.5 

74 0–10 0–1.0 0–6.8 0–1.3 

85 0–15 0–3.5 0–9.9 0–1.9 

93 0–20 0–7.0 0–13.6 0–2.6 

98 0–25 0–10.4 0–15.4 0–3.1 

Table 4.3: Relative and absolute error analysis of the model’s predictions 

for the large–scale engines examined. 

As shown in Table 4.3, about 74% of the test cases examined present a relative 

error in the ±10% error zone and absolute error in the zone of ±1.0 [g/cycle], ±6.8 [g/kg fuel] 

and ±1.3 [g/kWh]. Moreover, almost for all cases, the relative error does not exceed ±25%. 

Here is emphasized that the values presented in Table 4.3 are strongly affected from the 

𝐶𝑎𝑙𝑐. 𝑁𝑂𝑥 ⁡= ⁡1.022 ∙ 𝑀𝑒𝑎𝑠. 𝑁𝑂𝑥 

𝑅2 ⁡= 0.9919⁡ 
(4.2) 
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selected SF (i.e. calibration point) for each engine. For the examined large–scale engines, 

the calibration was attained on the highest available load for the reasons already explained 

in section 3.5.10. However, an optimum SF could be selected for minimal divergence be-

tween the calculated and measured absolute NOx values. 

Possible error sources for the test cases examined are the following: 

1. Primary measurement error. 

2. Improper processing of measured data. 

3. Estimation error of fuel consumption, power output and exhaust mass flow rate. 

4. HRR analysis and consequently fuel burning rate error. 

5. SOC, COC and EOC estimation error. 

6. Numerical errors (i.e. smoothing, rounding, integrating, differentiation, etc.). 

7. Sensitivity of the model to the parameter “Φz” (zone equivalence ratio). 

4.2 Model Application on Automotive Engines  

4.2.1  Description of the Test Engines 

In the current study, the proposed model is applied on two different type of auto-

motive Diesel engines: a heavy–duty truck engine (Engine D1) and a light–duty passenger 

car engine (Engine D2) to evaluate its ability to predict NO emissions. Both engines are 

supercharged, 4–stroke engines, using a common–rail, direct injection (DI) fuel system and 

exhaust gas recirculation (EGR) system for emissions control. The passenger car engine uses 

pilot fuel injection. The basic geometry data of the test engines examined herein, are sum-

marized in Table 4.4: 

 Engine A Engine B 

Number of Cylinders 6 4 

Bore [mm] 102 88 

Stroke [mm] 130 88.4 

Connecting Rod Length [mm] 215 149 

Compression Ratio 18.5 18.0 

Displacement Volume [lt] 6.37 2.15 

Inlet Valve Close [° ATDC] -171 -123 

Exhaust Valve Open [° ATDC] 121 135 

Maximum Brake Power Output 205kW@2300 rpm 92kW@4200 rpm 

Table 4.4: The automotive test engines examined and their basic engine geometry. 

4.2.2  Test Cases Examined 

In the present work, numerous measurements were used to evaluate the ability of 

the proposed model to predict NO emissions from automotive engines. The experimental 

measurements were obtained from the research facilities of AVL and ETH during cooperation 

under an EU funded project. Unlike the test cases of large‒scale engines, for the automotive 

engines, NO emission measurements where available and for this reason the extracted results 

from the model were not transformed from NO to equivalent NOx. Similarly to large‒scale 
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engines (see section 4.1.2), the measured and calculated NO values are presented in [mg/cy-

cle] because their tendency with the examined parameters is more obvious and interpretable. 

The examined operating points for Engine D1 are categorized as follows: 

1. The operating points corresponding to the Extended European Stationary Cycle 

(EESC) covering a wide range of engine operating conditions. The EESC includes 

seven load points for five engine speed cases (1400–2200 rpm), namely a total of 

35 operating points. The EESC operating points are depicted in Fig 4.28: 

 

Figure 4.28: The Extended European Stationary Cycle 

(EESC) operating points of the truck engine (Engine D1) 

As for the mid–speed and mid–load engine operation (1800 rpm and 86 kW) the following 

cases are examined: 

2. SOI variation from -20 to +10 ºCA ATDC. 

3. EGR variation from 2 to 18%. 

4. Fuel injection pressure variation from 1000 to 1400 bar. 

5. Inlet manifold pressure variation from 1.3 to 2 bara. 

For Engine D2, the following parameters are varied at three engine operating 

points, namely: 2000 rpm and 29.4 kW, 2500 rpm and 18.3 kW and 2500 rpm and 31.4 kW: 

1. EGR variation from 0 to 25%. 

2. Fuel injection pressure variation from 500 to 1000 bar. 

3. SOI variation from -10 to 6º ATDC. 

4. Inlet manifold pressure variation from 1.1 to 1.7 bara. 

For the previous automotive engines, a total of 132 operating points were exam-

ined, 60 of which are attributed to Engine D1 and 72 to Engine D2. 

4.2.3  Heavy–Duty Truck Diesel  Engine (Engine D1) 

4.2.3.1  Prediction of NO Emissions for the Extended European 

Stationary Cycle (EESC) 

In the present section, the results extracted from the proposed model from its ap-

plication on various operating points of Engine D1 as determined by the EESC are presented. 
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The operating points of this cycle are determined from engine load and speed. The SOI, EGR, 

fuel injection pressure and intake manifold (boost) pressure settings were obtained from the 

engine ECU (default settings). The comparison of calculated and measured NO values, in 

[mg/cycle], against engine power for various speeds from 1400 ‒ 2200 rpm, according to the 

EESC (see Fig. 4.28), is presented in Fig. 4.29 ‒ 4.33. 

  

Figure 4.29: NO variation with engine load at 

1400 rpm for Engine D1. 

Figure 4.30: NO variation with engine load at 

1600 rpm for Engine D1. 

 

 

Figure 4.31: NO variation with engine load at 1800 rpm 

for Engine D1. 
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Figure 4.32: NO variation with engine load at 

2000 rpm for Engine D1. 

Figure 4.33: NO variation with engine load at 

2200 rpm for Engine D1. 

The observation of Fig. 4.29 ‒ 4.33 shows that the proposed model captures the 

trend of NO variation with engine power. NO trend is approximately linear and ranges be-

tween ~2 and 5 mg/cycle per 100kW and decreases as engine speed increases. The model 

also captures absolute values adequately, however a diversion for some of the calculated 

values is observed. This is due to the error introduced in the model from possible uncertain-

ties in input data of some operating points, such as air flow, EGR rate, in–cylinder pressure, 

etc. which are affecting the initial conditions (i.e. reactants temperature and charge compo-

sition at SOC). 

Additionally, an important source of error is the inaccurate estimation of EOC 

from the model and hence combustion duration miscalculation. This error stems from the 

relatively high noise of the measured pressure diagram at the last part of expansion phase. 

The increased combustion duration results in NO overestimation because more, high tem-

perature, combustion zones (which do not correspond to actual combustion but noise) are 

created. Moreover, the overestimation of EOC results in underestimation of the coefficient 

α used in Annand heat exchange model (see section 3.4.7) and hence the heat losses from 

the combustion zones to the cylinder wall are also underestimated resulting in higher zone 

temperature and therefore higher NO formation. 
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The EOC overestimation is more intense at highest engine load as depicted in Fig. 

4.29 ‒4.32. Indicatively, in Fig. 4.34 is depicted the NHRR, from which the EOC is calcu-

lated (see section 3.4.6), for the lowest and highest engine load at 1800 rpm (see Fig. 4.31). 

The higher noise in the high load NHRR diagram is evident. 

  

Figure 4.34: NHRR of the lowest and highest operating point at 1800 rpm for Engine D1. Uncertainty in 

EOC estimation. 

Additionally, uncertain input data such as in–cylinder trapped mass and pressure 

at SOC result in incorrect estimation of unburnt charge temperature at SOC (see Eq. (3.47)), 

which severely affects the combustion zone temperature and hence NO formation. This is 

important since NO formation presents high sensitivity (exponential) to temperature accord-

ing to the calculation method used (see section 3.5.7). For this reason, high relative error 

occurs, especially for the low NO absolute values. 

For instance, considering engine operation at 1400 rpm and 102 kW, which is 

depicted in Fig. 4.29, the NO prediction presents a noticeable divergence. This is caused 

from the unburnt zone temperature underestimation, which is about 50 [K], as shown in the 

following Fig. 4.35: 

  

Figure 4.35: Temperature of unburnt zone at SOC with 

engine power at 1400 rpm for Engine D1. 
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This underestimation is due to the lower in–cylinder pressure and higher trapped 

mass values at SOC (see Eq. (3.47)) compared to the ones expected according to their general 

trend against engine power as shown in Fig. 4.36: 

  

Figure 4.36: In–cylinder pressure and trapped mass of unburnt zone at SOC with engine power 

at 1400 rpm for Engine D1. 

The investigation for the specific operating point revealed that, if the correspond-

ing in–cylinder pressure and trapped mass had the expected values, as demonstrated in Fig. 

4.36, the NO trend for engine operation at 1400 rpm (see Fig. 4.29) would be significantly 

improved. 

4.2.3.2  NO Variation with Engine Settings  

In the present section, the model’s ability to capture the NO variation for different 

engine settings namely SOI, EGR rate, fuel injection pressure and intake manifold pressure 

variation, is examined. The comparison between the calculated NO from the model and the 

respective measured values, is depicted correspondingly for each engine setting variation in 

Fig. 4.37 – 4.40: 

  

Figure 4.37: NO variation with SOI setting at 

1800 rpm & 86 kW for Engine D1. 

Figure 4.38: NO variation with EGR rate at 1800 

rpm & 86 kW for Engine D1. 
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Figure 4.39: NO variation with fuel injection 

pressure at 1800 rpm & 86 kW for Engine D1. 

Figure 4.40: NO variation with intake manifold 

pressure at 1800 rpm & 86 kW for Engine D1. 

From Fig. 4.37 – 4.40 is revealed that the model is capable to capture the trend of 

NO with SOI, EGR rate, injection pressure and intake manifold pressure variation. The 

model also accomplishes to adequately approach the NO absolute values. 
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Referring to NO predictions with SOI variation, for the most advanced NO is no-

ticeably overestimated and for the most retarded SOI is underestimated. This error, which is 
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 values (with respect to the expected ones) calculated from the empirical correlation de-

scribed in Eq. (3.101) (see section 3.5.8). 
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4.2.3.3  Overall  Results and Statistical Analysis  

At next, the overall NO predictions provided from the proposed model are com-

pared to the respective measured values as shown in Fig. 4.41: 

 

Figure 4.41: Overall Comparison between Calculated and 

Measured NO for Engine D1. 
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their corresponding error lies inside a specific error zone, for Engine D1, is presented in 

Table 4.5: 

Test Cases rel. error (±) abs. error (±) 

[%] [%] [mg/cycle] [g/kg fuel] [g/kWh] 

5 0–1 0–0.0 0–0.0 0–0.0 

22 0–5 0–0.2 0–0.4 0–0.1 

42 0–10 0–0.3 0–0.9 0–0.2 

68 0–15 0–0.7 0–1.9 0–0.4 

83 0–20 0–1.0 0–2.8 0–0.6 

87 0–25 0–1.1 0–2.8 0–0.6 

93 0–30 0–1.4 0–3.4 0–0.7 

98 0–40 0–2.0 0–4.0 0–0.9 

Table 4.5: Relative and absolute error analysis of the model’s predictions 

for Engine D1. 

As clearly shown in the above table, almost the entire test cases present maximum 

relative error up to ±40%. Furthermore, 83% of the examined cases present maximum rela-

tive error up to ±20% and maximum absolute error up to ±1.0 mg/cycle, ±2.8 g/kg fuel and 

±0.6 g/kWh which are satisfactory for the specific application. It is emphasized that no SF 

was used for calibration. Although the relative error for some test cases is noticeable, the 

most important is the proven ability of the model to capture the NO trends with engine op-

erating parameters variation (as shown in Figs. in sections 4.2.3.1 and 4.2.3.2). 

The higher relative error compared to the large–scale engines (see sections 4.1.6, 

4.2.3.1 and 4.2.3.2) is due to the much lower absolute NO values of automotive engines, 

namely, the low denominator value induces high ratio (relative error) value (see Eq. (4.4)). 

Among others, which have already described in section 4.1.6, the error stems from 

the possible inaccurate input data and also from the quality of pressure diagram and its spe-

cial characteristics, which are utilized in the correlation for the calculation of zone equiva-

lence ratio (z see section 3.5.8) and the calculation of unburnt in–cylinder charge tempera-

ture. The last two, as revealed, introduce high sensitivity to the model which is still a draw-

back. 

4.2.4  Light–Duty Automotive Diesel Engine (Engine D2) 

4.2.4.1  NO Variation with EGR 

In the present section, the model’s ability to capture the NO variation as EGR rate 

varies is examined. The extracted results from the model, for three different engine operating 
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points of Engine D2, are compared to the respective measured NO values as demonstrated 

in the Fig. 4.42 – 4.44: 

 

Figure 4.42: NO variation with EGR rate at 2000 rpm & 

29.4 kW for Engine D2. 

 

  

Figure 4.43: NO variation with EGR rate at 2500 

rpm & 18.3 kW for Engine D2. 

Figure 4.44: NO variation with EGR rate at 2500 

rpm & 31.4 kW for Engine D2. 

As shown in the Fig. 4.42 – 4.44, the model manages to predict the trend of NO 

variation with EGR rate. This trend is descending and approximately linear. Its slope be-

comes steeper with engine load increase (see Fig. 4.43 and 4.44) and engine speed decrease 

(see Fig. 4.44 and 4.42). 

Referring to Fig. 4.42, where the test case of the high load (29.4 kW) and lowest 

speed (2000 rpm) is depicted, the NO decrease is ~0.09 mg/cycle (or ~5%) per 1% EGR rate. 

For higher speed (2500 rpm, 31.4 kW, see Fig. 4.44), this variation is decreased to ~0.06 

mg/cycle (or ~4%) per 1% EGR rate. Finally, the aforementioned variation is even lower 

~0.01 mg/cycle (or ~3%) per 1% EGR rate for the lowest load (2500 rpm, 18.3 kW) as shown 

in Fig. 4.43. It is also noticeable that the calculated NO values are quite close to the measured 

ones for the most cases examined, despite the low absolute values which make prediction 

even more challenging. 
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The underestimation of NO at 2500 rpm, 31.4 kW and lowest EGR rates (see Fig. 

4.44) is mostly attributed to the earlier EOC positioning (regarding CA) and higher a coeffi-

cient (used in heat exchange model – see section 3.4.7) estimation from the model. The first 

leads to a lower number of combustion zones formation (see section 3.4.6) and the second 

results in overestimation of heat losses through the cylinder wall and thus lower zone tem-

peratures. Both cause NO formation underestimation, 

Nonetheless, it is noted that the most important is to capture the trend of NO as 

EGR rate varies. The high relative error is mainly due to the very low NO absolute values 

especially when compared to the NO emitted from the large–scale Diesel engines (see sec-

tion 4.1). 

4.2.4.2  NO Variation with Fuel Injection Pressure 

The model ability to estimate tail–pipe NO with fuel injection pressure variation 

was also examined. The obtained results and their comparison with the respective measured 

NO values, for three different engine operating points of Engine D2, are depicted in Fig. 4.45 

– 4.47: 

  

Figure 4.45: NO variation with fuel injection pressure at 

2000 rpm & 29.4 kW for Engine D2. 
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Figure 4.46: NO variation with fuel injection 

pressure at 2500 rpm & 18.3 kW for Engine D2. 

Figure 4.47: NO variation with fuel injection 

pressure at 2500 rpm & 31.4 kW for Engine D2. 

As shown in Figs. 4.45 – 4.47, the model approaches fairly well the NO trend 

which is approximately linear and slightly ascending as the injection pressure rises. For en-

gine operation at 2000 rpm and 29.4 kW, which is depicted in Fig. 4.45, the NO increase 

with injection pressure is ~0.06 mg/cycle (or ~8%) per 100 bar. Nonetheless, the NO trend 

at 2500 rpm is not ideally captured as shown in Fig. 4.46 – 4.47, despite the fact that the 

absolute calculated NO values are sufficiently close to the measured ones. The divergence is 

mainly observed at lower injection pressures where the absolute NO values are very low. 

The low absolute NO values and the small variation of measured NO with injection pressure 

increase (at the examined pressure range) is the most possible explanation for the poor cor-

respondence of the model to injection pressure variation at lower injection pressures. More-

over, small inaccuracies in input data also cause observable divergences, again due to the 

low absolute NO values. 

For instance, regarding engine operation at 2500 rpm and 31.4kW (see Fig. 4.47), 

where an increase of NO with injection pressure of ~0.05 mg/cycle (or ~8%) per 100 bar is 

observed, for the operating point with injection pressure at 1000 bar, a significant underes-

timation of NO is observed. This is explained as follows: For the specific operating point, 

the EGR rate is 1% greater compared to the points with lower injection pressure where EGR 

rate is constant (~13.7%). Moreover, fuel and air mass flow rates are also greater about 5% 

and 3% respectively. The previous are demonstrated schematically in Fig. 4.48. These result 

in an underestimation of NO formation at this operating point. However, these variations are 

not reflected on the measured NO value of the specific point, which indicates possible inac-

curate input data or variation within the measurement error. As mentioned in section 4.2.3.1, 

when the value of fuel flow used is greater than actual, the model overestimates the wall heat 

losses (see Eq. (3.38) in section 3.4.7) and hence underestimates the zones temperature (see 

Eq. (3.48) and (3.53) in sections 3.5.3 and 3.5.4 respectively) resulting in lower NO. More-

over, the increased value of air mass flow induces higher trapped mass and hence lower 
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initial temperature of the unburnt zone resulting lower temperature of the combustion zones 

and therefore lower NO formation. 

 

Figure 4.48: Investigation for the consistency of the input 

data, at 2500 rpm & 31.4 kW for Engine D2. 
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spite the small differences of fuel mass flow and EGR rate, their effect on model’s predic-

tions is more significant compared to the effect of injection pressure, especially when refer-

ring at the very low absolute NO values of the specific test case. 

 

Figure 4.49: Input data analysis at 2500 rpm & 18.3 kW 

for Engine D2. 

For the previous two cases, where model’s results were not considered satisfac-

tory, in order to confirm that the input data is the cause of the inaccurate NO predictions, 

they were substituted with the ones corresponding to the expected values (i.e. average values 

as shown in Fig. 4.48) and then the model’s predictions were significantly improved. Nev-

ertheless, it is clarified that the presented results in Figs. 4.45 – 4.49 are the ones extracted 

using the original input data. 

4.2.4.3  NO Variation with SOI  Setting 

In this section, model’s ability to predict NO variation with SOI setting is exam-

ined. In Fig. 4.50 – 4.52 is depicted the variation of calculated and measured NO against SOI 

setting for three different engine operating points of Engine D2: 

  

Figure 4.50: NO variation with SOI setting at 2000 rpm & 

29.4 kW for Engine D2. 
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Figure 4.51: NO variation with SOI setting at 

2500 rpm & 18.3 kW for Engine D2. 

Figure 4.52: NO variation with SOI setting at 

2500 rpm & 31.4 kW for Engine D2. 
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slop significantly. 
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some cases, small variations of the input data used in the model’s calculations, such as SOC, 

EOC, a (used in heat transfer model), etc., may be more influencing than the variation of the 

examined parameter (e.g. SOI), especially when its variation does not affect the absolute 

tail–pipe NO values significantly. Therefore, even small errors (normal) of the input data 

may deteriorate the predicted NO tendency against the examined operating parameter. These 

errors are mainly stemmed from the pressure signal noise and improper smoothing intensity. 

For instance the main SOC may be miscalculated (due to the pressure derivatives 

method used for its determination, where pressure signal noise is magnified even more, see 

also section 3.2.3). Hence the number, magnitude and initial temperature of the zones can 

be miscalculated providing inaccurate NO predictions. For example, earlier CA positioning 

of SOC due to the aforementioned noise, results in generation of more combustion zones 

(which correspond to HRR noise and not to actual zones), having higher temperatures pro-

moting NO formation (more important than the increased number of zones) since their gen-

eration begins closer to TDC (higher reactants’ and therefor products’ temperatures). 

Furthermore, inaccurate SOC estimation induces improper determination of the 

center of combustion (COC), pressure at SOC (pSOC main) and, for the cases where pSOC main≡ 

pcomb. max (i.e. late SOC cases where during combustion is not developed greater pressure than 

-10 -8 -6 -4 -2 0 2 4 6
Start of Injection Crank Angle [° ATDC]

0.0

0.2

0.4

0.6

0.8

1.0
N

O
 [

m
g
/c

y
cl

e]
NO Vs. SOI

Calc. NO

Meas. NO

2500 rpm
18.3 kW

-10 -8 -6 -4 -2 0 2 4 6
Start of Injection Crank Angle [° ATDC]

0.0

0.2

0.4

0.6

0.8

1.0

N
O

 [
m

g
/c

y
cl

e]

NO Vs. SOI

Calc. NO

Meas. NO

2500 rpm
31.4 kW



Application of the Proposed Model 

181 

the corresponding one at SOC), of the value of maximum combustion pressure (pcomb. max.). 

These parameters introduce additional error because they result in improper calculation of 

zone equivalence ratio (z) via Eq. (3.101) as described in section 3.5.8. 

Moreover, inaccurate estimation of SOC and EOC, resulted from the HRR noise, 

leads to improper estimation of net HRR (see Eqs. (3.28) and (3.29) is section 3.4.2) and 

hence of α coefficient used for heat exchange between the zones and cylinder wall (see sec-

tion 3.4.7). The last results in zone temperature miscalculation (see sections 3.5.3 and 3.5.4) 

and therefore NO is underestimated/overestimated. 

4.2.4.4  NO Variation with Intake Manifold Pressure 

Finally, in the current section the model was tested regarding its ability to predict 

NO against intake manifold (boost) pressure variation. The comparison between measured 

and calculated NO values, for three different engine operating points of Engine D2, are 

demonstrated in the following Figs. 4.53 – 4.55: 

  

Figure 4.53: NO variation with intake manifold pressure at 

2000 rpm & 29.4 kW for Engine D2. 

 

  

Figure 4.54: NO variation with intake manifold 

pressure at 2500 rpm & 18.3 kW for Engine D2. 

Figure 4.55: NO variation with intake manifold 

pressure at 2500 rpm & 31.4 kW for Engine D2. 
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The observation of Figs. 4.53 – 4.55 reveals model’s ability to approach fairly 

well the trend of NO with intake manifold pressure variation despite the small differences in 

NO absolute values. In general, the NO trend is practically linear and acceding as intake 

manifold pressure increases. Its slope decreases when engine speed increases (see Fig. 4.53 

and 4.55) and increases when engine load increases (see Fig. 4.54 and 4.55). Namely, for 

engine operation at 2000 rpm and 29 kW the gradient is ~0.14 mg/cycle (or ~6%) per 0.1bar 

(see Fig. 4.53), at 2500 rpm and 31.4 kW is ~0.05 mg/cycle (or ~3%) per 0.1bar (see Fig. 

4.55) and at 2500 rpm and 18.3 kW is ~0.02 mg/cycle (or ~5%) per 0.1 bar (see Fig. 4.54). 

As previously mentioned in the present chapter, the divergence observed between 

the calculated and measured NO values is mostly attributed to the following: 

 very low NO absolute values resulting in magnification of relative error (see Eq. 

(4.4) in section 4.1.6), 

 miscalculation of heat–exchange α coefficient, SOC, EOC, etc. due to signal noise, 

 uncertainties in experimental input data such as fuel and air flow rates and 

 no SF (i.e. calibration) was used for the automotive engines, which could reduce 

the absolute error in some cases, for the reasons already described in section 

3.5.10. 

4.2.4.5  Overall  Results and Statistical Analysis  

Considering the previous analysis for the passenger car DI Diesel engine (Engine 

D2), presented in sections 4.2.4.1 – 4.2.4.4, where the ability of the proposed model to pre-

dict the variation of tail–pipe NO emissions against various engine settings was investigated, 

herein, the statistical analysis of the extracted results for the total of the 72 test cases exam-

ined, is presented.  

Initially, the calculated tail–pipe NO emissions, corresponding to the total of the 

72 test cases of Engine D2 examined, are compared to the respective measured values as 

shown in Fig. 4.56: 

  

Figure 4.56: Overall comparison between calculated and 

measured NO for Engine D2. 
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From Fig. 4.56, it is revealed that the proposed model is capable to predict the NO 

absolute values satisfactory for various engine operation and settings, even without calibra-

tion. The regression between calculated and measured NO values provides the relation be-

tween them, which is given in Eq. (4.6): 

𝐶𝑎𝑙𝑐. 𝑁𝑂⁡ = ⁡0.8964 ∙ 𝑀𝑒𝑎𝑠. 𝑁𝑂 

𝑅2 ⁡= ⁡0.9491 
(4.6) 

The gradient of the previous relation (0.8964) is closed to unity which confirms that model’s 

predictions approach the measured absolute values adequately. Also, the acquired coefficient 

of determination (R2) is satisfactorily close to unity, which indicates that the regression is 

proper. 

Furthermore, the absolute and relative errors of model’s NO predictions are cal-

culated using Eq. (4.3) and (4.4) respectively, as presented in section 4.1.6. The absolute 

error is calculated in [g/cycle], [g/kWh] and [g/kg fuel]. The percentage of test cases for 

which their corresponding error lies inside a specific error zone, for Engine D2, is presented 

in Table 4.6: 

Test Cases rel. error (±) abs. error (±) 

[%] [%] [mg/cycle] [g/kg fuel] [g/kWh] 

1 0 0–0.00 0–0.0 0–0.0 

26 0–5 0–0.02 0–0.3 0–0.1 

43 0–10 0–0.04 0–0.5 0–0.1 

57 0–15 0–0.07 0–0.9 0–0.2 

67 0–20 0–0.09 0–1.1 0–0.3 

78 0–25 0–0.14 0–2.2 0–0.5 

79 0–30 0–0.20 0–2.2 0–0.5 

89 0–35 0–0.35 0–3.4 0–0.8 

93 0–50 0–0.45 0–4.2 0–1.0 

Table 4.6: Relative and absolute error analysis of the model’s predictions 

for Engine D2. 

As clearly shown in Table 4.6, almost the entire test cases (~93%), of Engine D2, 

their maximum relative error does not overcome the ±50%. Furthermore, 67% of the exam-

ined cases present maximum relative error up to ±20% and maximum absolute error up to 

±0.09 mg/cycle, ±1.1 g/kg fuel and ±0.3 g/kWh which are satisfactory for the specific appli-

cation. Similarly to the previously examined engine (D1), no SF was used for the calibration 

(i.e. quantitative optimization of the extracted results) for the reasons already described in 

section 3.5.10. Nevertheless, the most important was to reveal the model’s ability to capture 

trends. 
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Here, it is emphasized that high relative error is mainly attributed to the very low 

NO absolute values because they magnify the relative error ratio (since they are used as 

denominators (see Eq. (4.4)). 

As already comprehensively described in sections 4.2.4.1 – 4.2.4.4, an error is 

introduced from the pressure signal noise and possible inaccuracies in input data (e.g. pri-

mary measurement error). Moreover, due to pressure signal noise, the pressure trace and 

HRR characteristics such as pcomb_max, pSOC,main, COC, etc., which are utilized in the correla-

tion for the determination of zone equivalence ratio (z see section 3.5.8), may altered or 

misallocated resulting in miscalculation of z. Inaccurate approach of z, which determines 

the unburnt charge amount consisted in the zones, severely affects zone mass, volume and 

temperature and hence NO formation (see Eq. (3.97) and Table 3.4). The effect of the afore-

mentioned error sources was verified by a thorough investigation. 

Additionally, error is also derived from possible inaccuracy of measured intake 

air mass flow rate resulting in in–cylinder trapped mass miscalculation. The last results in 

miscalculation of unburnt in–cylinder charge temperature and therefore miscalculation of 

combustion zones temperature at the time step of their generation and consequently during 

their evolution throughout the closed engine cycle. Apparently, zone temperature miscalcu-

lation leads inevitably to inaccurate NO predictions. Furthermore, the combination of im-

proper calculation of z and trapped mass may lead to convergence errors. As revealed from 

the investigation (sensitivity analysis) on both automotive engines D1 and D2 and also on 

the large–scale engines (see sections 3.5.8), the last two parameters (z and trapped mass), 

introduce high sensitivity to the model, which should be compensated via future work. 

4.3 NOx  Formation History inside the Combustion 

Chamber 

4.3.1  Introduction 

As mentioned in section 3.5.1, the proposed model can calculate the number of 

NO moles formed inside each combustion zone at every CA step. Thus the NO formation 

history in each combustion zone can be obtained. The in–cylinder NO history during an 

engine cycle is derived from the sum of the NO moles comprised in the existing zones at 

each CA calculation step. In the present section, this model’s feature is demonstrated. How-

ever, no experimental data for the NO formation during an engine cycle was available. For 

this reason the extracted formation trend could not be verified experimentally. Nevertheless, 

the provided results can be utilized for NO formation analysis by conducting parametric 

investigations. 

These investigations intend to reveal the effect of various parameters (e.g. scav-

enging pressure, effective compression ratio, injection strategy, boost pressure, EGR and RG 

fractions, etc.) on the evolution of actual pressure and HR inside the cylinder during an en-

gine cycle and hence the NO formation history during the engine cycle, from which the tail–

pipe NOx are eventually derived. This feature provides the potentials for the model to be 

used, after further development, in research and optimization studies for NO emissions con-

trol. 



Application of the Proposed Model 

185 

In the following paragraphs, is indicatively presented, for some of the examined 

engines (see sections 4.1.1 and 4.2.1), the NO formation history inside the combustion cham-

ber during an engine cycle against engine parameters variation. Moreover, along with the 

NO history inside the combustion chamber, the in–cylinder pressure evolution, combustion 

rate and other parameters history during an engine cycle are depicted, since they are deter-

minant factors for the NOx formation. Also, this presentation indicates the basic philosophy 

of the model, namely the use of in–cylinder pressure trace to calculate HRR and from this 

the NOx formation history and finally the tail–pipe NOx (i.e. NOx at EVO). 

4.3.2  NOx  Formation History with Load Variation 

4.3.2.1  Large–Scale DI Diesel Engines 

In the present paragraph is indicatively presented a schematic description of the 

NO formation history inside the combustion chamber during an engine cycle of some of the 

large–scale DI Diesel engines examined in the present dissertation (see section 4.1.1). 

In Fig. 4.57 is indicatively depicted the NO formation history for the highest and 

lowest available load operating points for four large–scale engines with different character-

istics. Specifically, the results derived from the model implementation on a 2–stroke station-

ary engine established in a power plant on Chios Island (Engine A), a 4–stroke stationary 

engine established in a power plant on Paros Island (Engine P), a 2–stroke marine main 



Savva S. Nicholas – Doctoral Dissertation 

186 

engine (Engine H) and a 4–stroke constant speed marine auxiliary engine (Engine N), are 

demonstrated in Fig. 4.57. 

   

2–str. stationary, constant speed DI Diesel engine 

established in a power plant.  

4–str. stationary, constant speed DI Diesel engine 

established in a power plant. 

  

2–str. marine propulsion DI Diesel main engine. 4–str. marine constant speed DI Diesel auxiliary engine. 

Figure 4.57: NO formation history inside the combustion chamber along with pressure evolution in the cylinder and 

cumulative fuel mass burnt in the combustion chamber during an engine cycle against engine load variation. 

As shown in Fig. 4.57, the NO formation is increased with load as expected. The 

NO amount as CA time elapses is proportional to the corresponding burnt fuel (which is 

calculated from HRR analysis). The NO formation continues after the EOC, however with 

much lower rate since, due to the lower temperature and oxygen availability during expan-

sion phase, NO formation rate “freezes”, as clearly shown in Fig. 4.57. 

As already mentioned in section 3.5.1, the cylinder NO formed at a specific CA 

step is derived from the sum of the NO formed inside the existing zones at this time instance. 
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Thus the form of NO formation history curve is determined from the sum of zone NO for-

mation history curves as shown in Fig. 4.58: 

 

Figure 4.58: NO formation histories of the combustion zones 

(49) and cumulative NO formation inside the combustion 

chamber during an engine cycle. 

The form of these curves (see Fig. 4.58) depends mostly from the CA time in the 

cycle at which the zone has been generated and from the magnitude (number of moles) of 

the zone. The number of moles comprised in the zone is determined from the burnt fuel 

amount attributed to the zone (as determined from HRR analysis), the selected zone  and 

the zone composition. 

The CA time where a zone is generated is important for the following reasons: At 

first, as already mentioned, the fuel amount burnt (assumed instantaneously) at a specific CA 

is attributed to the zone generated at this CA time step. Another reason is the temperature of 

the unburnt zone which depends on the in–cylinder pressure and unburnt zone mass at the 

examined CA step. This temperature serves as the reactants temperature during combustion 

inside the generated zone and has a determinant role to the final zone combustion tempera-

ture used in NO formation calculations. The derived combustion temperature is then used, 

as the initial value to calculate the zone temperature at the next CA step, as the zone is evolv-

ing up to the EVO. Hence, the unburnt zone temperature at the time of a zone generation has 

a significant impact on the temperature history of this zone. Furthermore, the in–cylinder 

pressure and pressure derivative, which correspond to the CA time that the zone is generated, 

affect the equilibrium composition (e.g. O2, O, OH, etc.) used in the NO formation mecha-

nism (see section 3.5.7), and the temperature of the unburnt and newly generated zone since 

they are participating in the temperature calculations (i.e. first thermodynamic law). The 

zone volume, which is a function of CA time (among others), is also a significant factor since 

it affects the NO formation calculations as shown in Eq. (3.97). 

An indicative representation of the zone 3 and 30 history of NO formation, zone 

temperature and volume, in–cylinder pressure, instantaneous fuel mass burnt at each CA 

interval and the unburnt zone temperature, is depicted in Fig. 4.59. In addition, the histories 

of the species composition participating in the NO formation mechanism used (see section 

3.5.7) are depicted in Fig. 4.60, in order to evaluate their effect on NO formation history. 
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The depicted results have been derived from the implementation of the model on the first 

cylinder of a 2–stroke stationary DI Diesel engine when operating at the highest load. 

   

Figure 4.59: History of combustion zone 3 and 30 inside 

the combustion chamber during an engine cycle. 

Comparison between the equilibrium and actual 

(kinetically control) NO mole amount. 

Figure 4.60: History of the species composition (that 

participates in NO formation mechanism) of combustion 

zone 3 and 30 inside the combustion chamber during an 

engine cycle. 

In Fig. 4.59, is also shown the comparison between the equilibrium NO and actual 

NO calculated using chemical kinetics (Zeldovich mechanism). As is clearly shown, the lat-

est “freezes” when the temperature drops under a threshold (the lower oxygen availability 

also contributes to the NO formation “freeze”) in contrast to equilibrium NO. 

The peak occurrence on the cylinder NO formation history (see Fig. 4.57 and 4.58) 

results from the fact that in some cases, the zones which follow the initial ones (at the first 

stages of combustion) present higher NO formation. Hence a peak is observed which is due 

160 180 200 220 240 260 280 300 320
Crank Angle [°ABDC]

0x10
0

4x10
-7

8x10
-7

1x10
-6

2x10
-6

N
O

 [
k
m

o
l]

1400

1600

1800

2000

2200

2400

2600

2800

Z
o
n
e 

T
em

p
er

at
u
re

 [
K

]

0

1

2

3

4

5

Z
o
n
e V

o
lu

m
e [d

m
3]

0

0.4

0.8

1.2

1.6

2

In
st

an
ta

n
eu

s 
B

u
rn

t 
F

u
el

 m
as

s 
[g

]

0

40

80

120

160

P
ressu

re [b
ar]

600

700

800

900

1000

U
n
b
u
rn

t 
Z

o
n
e 

T
em

p
er

at
u
re

 [
K

]

Engine A
(meas. set:2a)
cyl.1, High load

solid symb.: Zone 3
empty symb.: Zone 30

Zone 3
gener.

Zone 30
gener.

EOC

Chem. kin.
NO

Equil. NO

EVO

MFB

p

Tub

Tzone

Vzone

160 180 200 220 240 260 280 300 320
Crank Angle [°ABDC]

0.2

0.3

0.4

0.5

0.6

0.7

N
O

 k
in

.[
%

]

0x10
0

5x10
-6

1x10
-5

2x10
-5

N
 [

%
]

72.0

72.2

72.4

72.6

72.8

73.0

73.2

N
2  [%

]

0.70

0.75

0.80

0.85

0.90

0.95

1.00

1.05

O
2  [%

]

0

0.1

0.2

0.3

0.4

0.5

O
H

 [%
]

0

0.01

0.02

0.03

0.04

0.05

O
 [

%
] Engine A

(meas. set:2a)
cyl.1, High load

solid symb.: Zone 3
empty symb.: Zone 30

Zone 3
gener.

Zone 30
gener.

EOC EVO



Application of the Proposed Model 

189 

to the peak occurrence of the firstly generated zones, since the cylinder NO formation history 

is resulted from the sum of zones history at each CA step. 

In addition, as observed in Fig. 4.59, at the zone generation and shortly after, 

where the temperature is significantly high, the NO formation calculated using chemical ki-

netics, approaches equilibrium (namely follows the equilibrium NO formation history). The 

NO formation equilibrium composition trend is similar with the temperature evolution trend 

(see also section 3.5.6 and Table 3.2). This is justified from the fact that as higher are the 

temperatures, the kinetically controlled reactions are becoming faster and the chemical re-

action time is diminished significantly, thus the NO formation can approach equilibrium 

[228]. 

Furthermore, regarding the species that participate in Zeldovich NO formation 

mechanism (see Table 3.3), and specifically O2, O, OH and N, their composition also follows 

the temperature evolution trend, and is steeply diminished as temperature descents during 

expansion as shown in Fig. 4.60. Therefore, the descending zone temperature is the main 

reason for the observed NO formation “freeze” because it has a significant impact on reaction 

rate constants of the NO formation mechanism and on the concentrations of species partici-

pating in this mechanism. 

4.3.2.2  Heavy–Duty Automotive DI Diesel Engine 

In the following graphs (Fig. 4.61–4.65) is depicted the NO formation history in-

side the combustion chamber along with the in–cylinder pressure evolution and the elemen-

tary fuel burnt at each CA interval, which have been derived from the implementation of the 

proposed model on the heavy–duty truck engine examined in the present work. The depicted 

results correspond to the highest and lowest load operating points of the five available engine 

speed cases. 

  

Figure 4.61: NO formation history inside the combustion 

chamber during an engine cycle along with the in–

cylinder pressure evolution and fuel amount burnt at 

each CA step for Engine D1 at 1400 rpm and high and 

low load. 

Figure 4.62: NO formation history inside the 

combustion chamber during an engine cycle along with 

the in–cylinder pressure evolution and fuel amount 

burnt at each CA step for Engine D1 at 1600 rpm and 

high and low load. 
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Figure 4.63: NO formation history inside the combustion 

chamber during an engine cycle along with the in–cylinder 

pressure evolution and fuel amount burnt at each CA step 

for Engine D1 at 1800 rpm and high and low load. 

 

  

Figure 4.64: NO formation history inside the combustion 

chamber during an engine cycle along with the in–

cylinder pressure evolution and fuel amount burnt at 

each CA step for Engine D1 at 2000 rpm and high and 

low load. 

Figure 4.65: NO formation history inside the 

combustion chamber during an engine cycle along with 

the in–cylinder pressure evolution and fuel amount 

burnt at each CA step for Engine D1 at 2200 rpm and 

high and low load. 

From Fig. 4.61–4.65 is observed that the NO formation is more intense at the 

initial stages of combustion where the largest amount of fuel is burnt and the temperatures 

are significantly high. Furthermore, as mentioned in section 4.2.3.1, the intensity of NO for-

mation is reduced as engine speed increases, which is mostly attributed to the lower available 

time (i.e. in ms) that the chemical species remain in NO formation favorable conditions. This 

is possibly also the reason for the growing gap of NO between the lower and higher load as 

the engine speed decreases. 

4.3.2.3  Light–Duty Automotive DI Diesel  Engine 

In Fig. 4.66 and 4.67 are depicted the NO histories for the high and low load which 

have been derived from the implementation of the model on the light–duty passenger car 
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engine examined in the present work. Along with the NO history, the in–cylinder pressure 

evolution, elementary fuel burnt at each CA interval (Fig. 4.66), average zone temperature 

(mass weighted) and the cumulative zone mass (Fig. 4.67). The average zone temperature is 

calculated from Eq. (4.7): 

𝑇𝑧𝑜𝑛𝑒,𝑎𝑣𝑒𝑟𝑖 =
∑ 𝑚𝑧𝑖 ∙ 𝑇𝑧𝑖
𝑧=𝑖−𝑆𝑂𝐶+1
𝑧=1

∑ 𝑚𝑧𝑖
𝑧=𝑖−𝑆𝑂𝐶+1
𝑧=1

 (4.7) 

where m [kg] and T [K] correspond to mass and temperature respectively and subscripts i 

and z correspond to the examined CA step and zone sequence number respectively. 

   

Figure 4.66: NO formation history inside the combustion 

chamber during an engine cycle along with the in–cylinder 

pressure evolution and fuel amount burnt at each CA step 

for engine D2 at 2500 rpm and high and low load. 

Figure 4.67: NO formation history along with the average 

zone temperature and cumulative zone mass for engine 

D2 at 2500 rpm and high and low load. 

As shown in Fig. 4.66 and 4.67 the NO formation intensity is higher for the high-

est load as expected. This is mostly attributed to the amount of fuel mass burnt at each CA 

time instance and the derived zone mass amount rather than the zone average temperature in 

the specific case. The last is justified observing Fig. 4.67 where is clearly shown that the 

zone weighted average temperatures for high and low loads are quite similar. As mentioned 

in previous sections, the zone temperature history is strongly dependent on the initial condi-

tions before SOC, which determine the unburnt zone initial temperature (reactants’ temper-

ature). For the examined case and higher load, the reactants temperature is slightly lower 

compared to the respective one of low load operating point. This is because, although the 

higher compression pressure at higher load, the trapped mass is significantly higher resulting 

in lower reactants temperature and hence lower zone temperatures. 

4.3.3  NOx  Formation History with SOI Variation 

4.3.3.1  Large–Scale DI Diesel Engines 

The NO histories inside the combustion chamber during an engine cycle as the 

SOI setting varies for two large–scale DI Diesel engines, one constant speed stationary en-

gine (Engine A) and one vessel main engine (Engine H) are depicted in Fig. 4.68. Referring 
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to Engine A, the SOI has been retarded about 3 °CA and for Engine H, the SOI has been 

advanced about 0.5 °CA. 

  

2–str. stationary, constant speed DI Diesel engine 

established in a power plant.  
2–str. ship propulsion DI Diesel main engine. 

Figure 4.68: NO formation history inside the combustion chamber along with pressure evolution in the cylinder and 

cumulative fuel mass burnt in the combustion chamber during an engine cycle against SOI variation. 

From the observation of Fig. 4.68, the effect of SOI on NO formation history is 

evident. As the fuel injection initiates later in the cycle, the NO formation is reduced. This 

is apparently due to the lower temperatures developed, since the combustion initiates later 

in the cycle and hence is evolving under lower in–cylinder pressures. This is confirmed from 

Fig. 4.69 where the weighted zone temperature (
𝑇𝑒𝑚𝑝𝑧𝑜𝑛𝑒.×𝑀𝑎𝑠𝑠𝑧𝑜𝑛𝑒

𝑀𝑎𝑠𝑠𝑐𝑦𝑙.
) history of three zones 

generated at three different CA events (i.e. at specific °CA ABDC) is depicted. As revealed 

from Fig. 4.69, the zone temperature is reduced with SOI retard resulting in lower NO for-

mation. In order to account for both factors that affect the absolute NO amount formed, zone 

temperature and mass, the mass weighted temperature was used herein. 

 

Figure 4.69: Weighted zone temperate history against SOI 

variation of the zones generated at 3 specific CA steps 

during an engine cycle at the high load of Engine A. 
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4.3.3.2  Heavy–Duty Automotive DI Diesel Engine 

In Fig. 4.70 are depicted the results from the implementation of the model on the 

heavy–duty truck engine at 1800 rpm and 86 kW operation to examine the NO formation 

history against SOI variation. Here, are presented indicatively the results only for three dif-

ferent SOI settings for presentation clarity. Thus in Fig. 4.70 are depicted the NO formation 

histories along with the in–cylinder pressure evolution, cumulative fuel burnt mass and 

weighted average zone temperature (see Eq. (4.7)) for the following cases: SOI=-15°, -4° 

and +5° ATDC. 

   

Figure 4.70: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder 

(at the left), cumulative fuel mass burnt during an engine cycle and the average zone temperature (at the right) 

against SOI variation for Engine D1 at 1800 rpm and 86 kW operation. 

From the observation of Fig. 4.70 the mitigation of the NO formation intensity as 

the fuel is injected later in the cycle is obvious. It is also revealed that although the average 

zone temperature becomes higher later in expansion as the SOI is retarded, the higher devel-

oped temperatures at the first stages of combustion as the SOI is advanced, are much more 

important regarding NO formation, since this mechanism is exponentially dependent on tem-

perature (see Table 3.4 in section 3.5.7). Moreover, at these higher temperatures the chemical 

dissociation of the combustion products is intensified hence the concentrations of the species 

participating in the NO formation mechanism (see Table 3.3 in section 3.5.7) are signifi-

cantly increasing, resulting in higher NO amounts. 

The time period (in ms) that the combustion products remain in a high temperature 

regime is critical for NO formation. As soon as the temperature drops under a temperature 
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threshold, the NO formation “freezes” up to the EVO event. For instance, regarding the most 

advanced SOI setting, due to the longest time period that the combustion products remain in 

high temperatures, after the steep increase of NO, the NO formation rate becomes negative 

resulting NO reduction. The last persists because although the temperature drops, is still 

higher than the “freezing” threshold. 

4.3.3.3  Light–Duty Automotive DI Diesel  Engine 

The NO formation history inside the combustion chamber during an engine cycle, 

for the passenger car engine, for different engine SOI settings is depicted in Fig. 4.71. In Fig. 

4.71 are indicatively depicted the results derived from the application of the proposed model 

on the aforementioned engine at 2000 rpm and 2500 rpm and mid–load. The SOI settings 

correspond to -15°, -4° and +2° ATDC. 

   

Figure 4.71: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder 

and instantaneous fuel burnt mass during the cycle against SOI variation for Engine D2 at 2000 rpm and 29.4 kW (at 

the left) and 2500 rpm and 31.4 kW (at the right). 

As shown in Fig. 4.71, the NO formation inside the combustion chamber is re-

duced as the SOI is retarded. The reasons for this variation have been already explained in 

section 4.3.3.1and 4.3.3.2. Here it is noted that the NO formation occurs also during the pilot 

combustion, even if its intensity is significantly lower. In addition, it can be observed that 

the NO formation intensity is diminished as the engine speed increases especially for the 

most retarded SOIs. This is attributed to the lower time (in ms) that the combustion products 

remain in high temperature regimes, as the engine speed increases. 

160 180 200 220 240 260 280 300 320
Crank Angle [°ABDC]

0x10
0

2x10
-9

4x10
-9

6x10
-9

8x10
-9

1x10
-8

N
O

 [
k
m

o
l]

0

20

40

60

80

100

In
-C

y
li

n
d
er

 P
re

ss
u
re

 [
b
ar

]

0

0.1

0.2

0.3

0.4

0.5

In
stan

tan
eo

u
s B

u
rn

t F
u
el M

ass [m
g
]

SOI -8° ATDC

SOI -4° ATDC

SOI +2° ATDC

EVO

Tail-pipe NO

Passenger Car Engine, 2000 rpm, 29.4kW
NO cylinder history Vs. SOI variation

160 180 200 220 240 260 280 300 320
Crank Angle [°ABDC]

0x10
0

2x10
-9

4x10
-9

6x10
-9

8x10
-9

1x10
-8

N
O

 [
k
m

o
l]

0

20

40

60

80

100

In
-C

y
li

n
d
er

 P
re

ss
u
re

 [
b
ar

]

0

0.1

0.2

0.3

0.4

0.5

In
stan

tan
eo

u
s B

u
rn

t F
u
el M

ass [m
g
]

SOI -8° ATDC

SOI -4° ATDC

SOI +2° ATDC

EVO

Tail-pipe NO

Passenger Car Engine, 2500 rpm, 31.4kW
NO cylinder history Vs. SOI variation



Application of the Proposed Model 

195 

4.3.4  NOx  Formation History with EGR Rate Variation 

4.3.4.1  Heavy–Duty Automotive DI Diesel Engine 

In Fig. 4.72 are depicted the results from the implementation of the model on the 

heavy–duty truck engine at 1800 rpm and 86 kW operation to examine the NO formation 

history against ERG rate variation. Here, are presented indicatively only the results for three 

different EGR rates for presentation clarity. Thus in Fig. 4.72 are depicted the NO formation 

histories along with the in–cylinder pressure evolution, zone average O2 and O concentra-

tions and weighted average zone temperature (see Eq. (4.7)) for the following cases: 

ERG~2%, 13% and 18%. 

   

Figure 4.72: NO formation history inside the combustion chamber along with pressure evolution in the cylinder (at 

the left), average zone O2 and O concentrations and temperature during an engine cycle (at the right) against EGR 

variation for Engine D1 at 1800 rpm and 86 kW operation. 

As shown in Fig. 4.72 the NO formation intensity is reduced with the increase of 

EGR rate as expected. The last is resulted from the lower temperatures developed during the 

cycle and lower oxygen concentrations. The temperature becomes lower with EGR increase 

because the heat capacity of the charge (EGR + RG + ambient air) is increased, the oxygen 

availability is decreased and more heat is absorbed during the dissociation of the EGR gas 

components (see also section 1.4.2.5). Observing Fig. 4.72, the decrease of weighted average 

zone temperature (see Eq. (4.7)) and average zone equilibrium concentrations of O2 and O 

as EGR rate increases is evident. The average zone equilibrium concentrations of O2 and O 

are diminishing as the CA time elapses because, due to the descending temperatures, the 
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dissociation of the combustion products (from which the O2 and O, comprised in the zone, 

are derived) becomes less intensive. 

It is emphasized that for the present cases, the zone , which has been provided 

from the empirical correlation described in Eq. (3.101), is slightly greater that stoichiometry 

(i.e.  >1). Hence the O2 and O comprised in the zone are only derived from the chemical 

dissociation of the products of ideal combustion (see section 3.5.8), since no further air en-

trainment occurs after the zone formation, according to the model’s concept. Moreover is 

highlighted that the reactants composition, used in zone combustion and determined from 

the EGR and RG fractions (taken into account in the model’s calculations), affects the com-

position of combustion products and hence NO formation. 

In addition, the observed decreasing compression pressure (see Fig. 4.72) is jus-

tified as follows: The specific engine uses high pressure EGR system and a fixed geometry 

turbine. Thus, by increasing the EGR rate, the exhaust gas amount that feeds the turbine 

decreases resulting lower compression pressures and charge trapped mass. The lower com-

pression pressure results in lower combustion pressures and hence lower NO formation. 

4.3.4.2  Light–duty automotive DI Diesel  engine 

The variation of NO formation history with EGR rate for the passenger car engine 

is depicted, along with the in–cylinder pressure evolution, weighted average zone tempera-

ture (see Eq. (4.7)) and average zone oxygen concentrations, in Fig. 4.73. In Fig. 4.73 are 

presented indicatively only the results derived from the implementation of the model for 

three different EGR settings for engine operation at 2500 rpm and 18.3 kW. The depicted test 

cases correspond to the following: ERG~1%, 12% and 25%. 
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Figure 4.73: NO formation history inside the combustion chamber along with pressure evolution in the cylinder (at 

the left), average zone O2 and O concentrations and temperature during an engine cycle (at the right) against EGR 

variation for Engine D2 at 2500 rpm and 18.3 kW operation. 

From the observation of Fig. 4.73, the diminishing NO formation inside the com-

bustion chamber during the engine cycle when the EGR rate is increased is evident. This is 

because the increasing amount of EGR gasses results in lower temperatures and oxygen con-

centrations as already explained in section 4.3.4.1. 

4.3.5  NOx  Formation History with Fuel Injection Pressure V ariation 

4.3.5.1  Heavy–Duty Automotive DI Diesel Engine 

In Fig. 4.74 are depicted the results from the implementation of the model on the 

heavy–duty truck engine at 1800 rpm and 86 kW operation to examine the NO formation 

history against fuel injection pressure (rail pressure) variation. In the present section, only 

the results for three different injection pressure settings are indicatively presented. Thus in 

Fig. 4.74 are depicted the NO formation histories along with the in–cylinder pressure evolu-

tion, instantaneous fuel mass burnt at each CA step, cumulative zone mass (sum of zones’ 
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mass at each CA step) and weighted average zone temperature (see Eq. (4.7)) for the follow-

ing cases: pInj.=1000 bar, 1200 bar and 1400 bar. 

  

Figure 4.74: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder 

(at the left), instantaneous fuel mass burnt during the engine cycle, cumulative zone mass and weighted average zone 

temperature history (at the right) against fuel injection pressure variation for Engine D1 at 1800 rpm and 86 kW 

operation. 

As shown in Fig. 4.74 the NO formation increases as fuel injection pressure in-

creases, however not significantly when compared to the corresponding NO formation vari-

ation with SOI and EGR rate (see section 4.3.3.2and 4.3.4.1 respectively). From Fig. 4.74 it 

can also be observed an increase of in–cylinder peak pressure with fuel injection pressure 

increase. Furthermore, it is shown that as the injection pressure increases, more fuel is burned 

earlier in the cycle (i.e. closer to the highest pressure/temperature part of the cycle). Moreo-

ver, the slope of the cumulative zone mass is stepper as the injection pressure increases which 

indicates combustion duration shortening (i.e. the same energy amount is released in a 

shorter CA interval, closer to the CAs where the highest pressure/temperature conditions in 

the cycle are prevailing). Due to the aforementioned reasons, NO formation increase with 

injection pressure. Namely, although the weighted average zone temperature (see Eq. (4.7)) 

does not vary significantly (at temperatures greater than 2000 K which have a significant 

effect NO formation), the NO formation increase with injection pressure is attributed to the 

increasing amount of mixture burnt near the highest pressure/temperature part of the engine 

cycle (i.e. close to SOC and TDC). The increase of injection pressure results in more efficient 

fuel atomization/vaporization/mixing and hence lower ignition delay and faster combustion. 

This is the reason that a greater amount of combustion products is gathered at the highest 

pressure/temperature part of the cycle resulting in higher number of NO moles. 
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4.3.5.2  Light–Duty Automotive DI Diesel Engine 

In Fig 4.75 are depicted the NO formation histories inside the combustion cham-

ber during an engine cycle, indicatively for three different fuel injection pressure settings of 

the passenger car engine. The depicted results have been derived from the implementation 

of the proposed model on the aforementioned engine at 2000 rpm and 2500 rpm and mid–

load for the following injection pressure settings: 650 bar, 800 bar and 900 bar. 

  

Figure 4.75: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder 

and instantaneous fuel burnt mass during the cycle against fuel injection pressure variation for Engine D2 at 2000 

rpm and 29.4 kW (at the left) and 2500 rpm and 31.4 kW (at the right). 

From the observation of Fig 4.75, is revealed that the NO formation inside the 

combustion chamber during the engine cycle is increased with injection pressure increase. 

Furthermore, as shown in Fig 4.75 higher peak pressures are developed with the increase of 

injection pressure resulting in higher temperatures. The last in combination with the increas-

ing combustion of fuel mass amount (energy release) and hence the increasing charge mass 

amount closer to the high pressure/temperature part of the cycle (due to the combustion du-

ration shortening as explained in section 4.3.6.1), resulting in increasing NO formation. 

Comparing the NO formation for different engine speeds, it is observed that NO formation 

is reduced as the engine speed increases and also the effect of injection pressure is waning. 

This is due to the less time (in ms) available for NO formation (also see section 4.3.3.3). 
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4.3.6  NOx  Formation History with Intake Manifold Pressure 

Variation 

4.3.6.1  Heavy–Duty Automotive DI Diesel Engine 

The results derived from the implementation of the model on the heavy–duty truck 

engine at 1800 rpm and 86 kW operation to examine the NO formation history against intake 

manifold pressure (boost pressure) variation are presented in Fig. 4.76. Only the results for 

three different intake manifold pressure settings are indicatively presented herein. In Fig. 

4.76 are depicted the NO formation histories along with the in–cylinder pressure evolution, 

instantaneous fuel mass burnt at each CA step, cumulative zone mass (sum of zones’ mass 

at each CA step), weighted average zone temperature (see Eq. (4.7)) and zone average O2 

concentration history for the following cases: pIM=1.3 bar, 1.6 bara and 1.9 bar (absolute 

pressure). 

  

Figure 4.76: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder 

(at the left), instantaneous fuel mass burnt during the cycle, cumulative zone mass, weighted average zone 

temperature and average zone O2 concentration history (at the right) against intake manifold pressure variation for 

Engine D1 at 1800 rpm and 86 kW operation. 

As shown in Fig. 4.76, the NO formation increases with intake manifold pressure. 

It can also be observed a significant increase of in–cylinder pressure as intake manifold pres-

sure increases. The increase of in–cylinder pressure also affects the O2 formation via com-

bustion products dissociation (see Table 3.2 in section 3.5.6 ) and hence the average zone O2 

concentration is increased. 
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Furthermore, it is revealed that as the intake manifold pressure increases, the fuel 

is burned faster, thus greater amounts of mixture are combusted close to the highest pres-

sure/temperature regions of the cycle (i.e. the first stages of combustion). Moreover, the 

slope of the cumulative zone mass becomes stepper as the intake manifold pressure increases 

which indicates combustion duration shortening (i.e. the same mixture amount is combusted 

in a shorter CA interval, closer to the CAs where the highest pressure/temperature conditions 

in the cycle are prevailing). 

Although the weighted average zone temperature does not vary significantly (at 

temperatures greater than 2000 K which have a significant effect NO formation), the NO 

formation increase with intake manifold pressure is attributed to the increasing amount of 

mixture burnt near the highest pressure/temperature part of the engine cycle. In addition, the 

increase of intake manifold pressure results in higher trapped charge temperature and hence 

lower ignition delay, faster combustion and higher developed in–cylinder pressures (the last 

results in highest thermal efficiency) and higher local temperatures. The highest mass 

amount of mixture combusted at the highest pressure/temperature part of the engine cycle 

and the higher O2 concentrations due to the increasing in–cylinder pressure, are the major 

reasons for the NO formation increase with intake manifold pressure. 

4.3.6.2  Light–Duty Automotive DI Diesel Engine 

Finally in Fig. 4.77 are depicted the NO formation histories along with in–cylinder 

pressure evolution and O2 concentration and weighed average zone temperature (see Eq. 

(4.7)) histories inside the combustion chamber during an engine cycle, indicatively for three 

different intake manifold pressure (boost pressure) settings of the passenger car engine. The 

depicted results have been derived from the implementation of the proposed model on the 
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aforementioned engine at 2000 rpm and 2500 rpm and mid–load engine operation for the 

following intake manifold pressure settings: 1.1 bar, 1.2 bar and 1.7 bar (absolute pressure). 

  

Figure 4.77: NO formation history inside the combustion chamber along with the pressure evolution in the cylinder, 

weighted average zone temperature and average zone O2 concentration against intake manifold pressure variation for 

Engine D2 at 2000 rpm and 29.4 kW (at the left) and 2500 rpm and 31.4 kW (at the right). 

Observing Fig. 4.77, it is revealed that NO formation increases with intake mani-

fold pressure. This increase is due to the increase of the in–cylinder pressure, local temper-

atures, O2 availability (from combustion products dissociation) and combustion shortening 

(in CA time), namely a greater mass amount is combusted at the highest pressure/temperature 

part of the engine cycle as explained in section 4.3.6.1. Furthermore, from the observation 

of Fig. 4.77, it is deduced that the effect of intake manifold pressure becomes weaker with 

the increase of engine speed despite the higher average zone temperature developed at 2500 

rpm engine operation. As mentioned in previous sections, the main reason for the last is the 

less available time for NO formation as engine speed increases. 

4.3.7  General Outcomes Regarding NO  Formation History inside the 

Combustion Chamber 

One of the targets of the present work was the development of a model which can 

be used for investigations regarding NO formation inside the combustion chamber during 

the engine cycle. As revealed from the previous sections 4.3.2–4.3.6, the model is capable 
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to provide an image of the formation history of total and zone (local) NO inside the combus-

tion chamber. This image has not been experimentally validated yet however is in concord-

ance with the relevant literature/theory [8,108,152,182]. 

Furthermore, from this investigation, it has been revealed that the model is capa-

ble to capture the effect of engine load and speed, SOI, EGR rate, fuel injection pressure and 

intake manifold pressure on NO formation and assist to its physical interpretation. This ca-

pability stems from the use of the measured in–cylinder pressure trace, actual engine oper-

ating conditions/characteristics (e.g. trapped mass composition which is affected from EGR 

rate and RG fraction, engine speed, etc.) and its strong physical base. Thus, the proposed 

model, after further development, it can be utilized in optimization studies for NOx control. 

4.4 Evaluation of Model Computational Time 

4.4.1  Parameters Affecting Model Computational Time 

One of the major targets of the present study (section 1.5) is to keep the compu-

tational time as low as possible preserving at the same time the physical consistency. The 

low computational cost target is currently partially fulfilled, even though the proposed NOx 

model provide results in a period of a few seconds and for some cases, even lower than a 

second. However, after additional development and improvement of the model, it could pro-

vide results in the time scale of the engine cycle. In order to detect the most influencing 

parameters for the computational time of the proposed model, an investigation involving 

model parameters sensitivity analysis was conducted. This investigation has indicated that 

the parameters affecting the computational time the most are the following: 

1. Zone equivalence ratio z. 

2. Crank angle calculation step. 

3. Integration step used in the NOx integration calculation. 

4. Number of engine cylinder used in the calculation. 

5. Amount of in–cylinder trapped mass. 

6. Computer system computational power. 

The aforementioned sensitivity analysis for the above parameters is presented in 

the following sections 4.4.2 – 4.4.7. In these sections the presented results are derived from 

the analysis conducted on four, randomly chosen, operating points, each one derived from 

the following four different engine types: truck engine (D1), passenger car engine (D2), ves-

sel propulsion 2–stroke engine (H) and constant speed 4–stroke power station engine (P). 

These engines have been presented in the previous sections: 4.2.1 for automotive and 4.1.1 

large–scale engines. In the present investigation, when the effect on computational time of a 

specific parameter is investigated, the remaining of the aforementioned parameters sustain 

their default values (the ones used for the NOx prediction in Chapter 4). 

At this point, it is noted that the computational time mentioned in the next sections 

includes the time of pressure trace and input data reading, smoothing of the pressure signal, 

heat release rate (HRR) calculations, pressure trace and HRR special characteristics detection 
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and NOx model implementation. The last is the most time consuming. Furthermore, it is 

clarified that the computational time is the CPU (central processing unit) time9. 

4.4.2  Zone Equivalence Ratio ( z) Effect 

As shown in section 3.5.8, the proposed NOx model presents high sensitivity to 

the zone equivalence ratio (z) parameter. Moreover, as shown in Fig. 4.78, where the effect 

of the z parameter on computational time for four different engine types is depicted, this 

parameter has a significant effect on calculation time. 

 

Figure 4.78: Computational time against zone equivalence 

ratio (z) parameter for four engine types. 

Observing Fig. 4.78, it is revealed that the computational time slightly increases 

as z increases in the fuel lean region (z <1) and exponentially decreases, approaching 

asymptotically a minimum value, as z increases in the fuel rich region (z >1). However, 

in the lean region (z <1), computational time remains always lower than the minimum 

value of the fuel rich region. The intensive discontinuity at z =1, where the maximum 

computational time occurs, is evident. The aforementioned tendency is due to the time re-

quired for the convergence of the chemical equilibrium sub–model which has an important 

impact on the zone temperature calculation methodology (see sections 3.5.3 and 3.5.4). As 

observed, close to stoichiometry (z =1) the equilibrium composition and temperature re-

quire more time to converge. This problem could be solved with program optimization, with 

the use of more efficient system solving methods and/or by adopting different/improved 

chemical schemes for the composition calculation.  

4.4.3  Crank Angle Calculation Step Effect 

In the present section, is examined the effect of the crank angle (CA) calculation 

step on the total execution time. In Fig. 4.79, is depicted the variation of computational time 

                                                 

9CPU time is the time that the CPU requires to run the program exclusively. The other procedures running on the PC do 

not have an impact on it. 
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when the magnitude of the calculation CA step is increased for four different engine types. 

It is noted that the first value (most left) in the horizontal axis is the default CA step. 

 

Figure 4.79: Computational time against crank angle 

calculation step for four engine types. 

As clearly shown in Fig. 4.79, computational time steeply decreases as CA step is 

increased. The most important is that the relative error between calculated and measured 

NOx values (see Eq. (4.4) in section 4.1.6), before calibration, does not significantly vary as 

shown in Fig. 4.80. Nonetheless, when the magnitude of CA step is excessive, the model 

fails to detect some of the pressure trace characteristics such as the SOC and EOC, maximum 

combustion pressure etc. and thus the model is not able to proceed to reliable calculations. 

This is the reason that in Fig. 4.79, for the large–scale engines, the results are not presented 

for CA step greater than 2°. From the previous, it is inferred that an optimum calculation step 

can be selected to minimize computational time without significant deterioration of NOx 

predictions. 

 

Figure 4.80: NOx relative error (before calibration) 

against crank angle calculation step for four engine types. 

4.4.4  NOx  Integration Calculation Step Effect 

Herein, the effect of NOx integration calculation step on the computational time 

is examined. The integration step is determined from the number of divisions of the CA 
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interval defined from two consecutive CA steps (see section 3.5.7). Apparently, this integra-

tion step influences only the NOx sub–model. In Fig. 4.81, the effect of the number of divi-

sions of the CA interval on the calculation time for four different engine types is demon-

strated. The default CA step used in the depicted test cases, corresponds to the first value 

(most left, i.e. zero divisions) in the horizontal axis of Fig. 4.79 as already mentioned in 

section 4.4.3. 

 

Figure 4.81: Computational Time against NOx integration 

calculation step for four engine types. 

The observation of Fig. 4.81 indicates that NOx integration step has a minor effect 

(if it is not excessively small) on the total computational time which is slightly increased as 

the CA step is divided in more sub–steps (i.e. NOx integration step). However, greater num-

ber of CA divisions (i.e. integration steps) shields the model from divergence and provides 

more accurate integration. On the other hand, a large integration step, may lead to inaccurate 

NOx predictions, even in divergence, especially when the computational CA step is large. 

For instance, the model diverges when the integration step is equal with 1° CA, namely 0 

divisions, for both of the large–scale (Engine H and P) depicted in Fig. 4.81 and noted with 

a circle. Therefore, the highest possible (which does not cause divergence) integration step 

should be used to achieve minimum computational time. 

4.4.5  Cylinder Number Effect 

In the present section the effect of the number of engine cylinders used in the 

calculations on the computational time is examined. This effect is presented in Fig. 4.82. In 
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P) are depicted since for the automotive engines (D1 and D2) only measurements from the 

average/representative cylinder were available. 

 

Figure 4.82: Computational time against the number of 

engine cylinder used, for two engine types. 

In Fig. 4.82, it is clearly shown the linear increase of computational time with the 

number of engine cylinders as expected. Moreover, the relative error (before calibration) 

does not significantly affected. The last indicates that only one representative cylinder may 

be used in order to reduce computational time. Nonetheless, especially for the large–scale 

engines, sometimes is important to examine the emissions of each cylinder separately since 

they may have different adjustments and/or, some of them may present wear or disoperation 

which could affect NO formation. 

4.4.6  Trapped Mass Amount Effect 

The trapped mass amount inside the cylinder is also an important parameter af-

fecting the computational time because in combination with the chosen zone equivalence 

ratio (z) has a significant impact in model’s convergence. The last is explained as follows: 

the in–cylinder trapped mass corresponds to the initial mass amount of unburnt zone, namely 

just before combustion initiation. When combustion commences, the unburnt zone mass is 

gradually consumed since at each CA calculation step during combustion event, a part of it, 

the magnitude of which is determined from the selected z and the attributed fuel mass at 

the examined CA step, is used to form a combustion zone, as comprehensively described in 

sections 3.5.1 – 3.5.3. Thus, for a specific z, if the trapped mass is underestimated, the 

unburnt zone temperature, which coincides with combustion zone reactants’ temperature, 

will be high and excessively higher later during combustion as its mass decreases. For this 

reason, the iterative procedure, used for the calculation of combustion zone temperature (see 

sections 3.5.3 – 3.5.4), require more time to converge, as observed. This is confirmed from 
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the observation of Fig. 4.83 where the variation of computational time against the percentage 

of the trapped mass amount which actually was used, is depicted. 

 

Figure 4.83: Computational time against the trapped mass 

percentage compared to the mass amount used, for four 

engine types. 

From Fig. 4.83, it is revealed that computational time decreases significantly as 

the amount of trapped mass increases. Furthermore, regarding automotive engines (D1 and 

D2) the relative error is severely affected from trapped mass miscalculation since it affects 

unburnt zone and hence reactants temperature. On the contrary, for large–scale engines (H 

and P) the relative error variation is less sensitive due to the higher absolute NOx values 

compared to the respective ones of the automotive engines. The relative error between cal-

culated and measured NOx values (see Eq. (4.4) in section 4.1.6) as the trapped mass varies, 

for the four engine types examined herein, is depicted in Fig. 4.84: 

 

Figure 4.84: Relative error against the trapped mass 

percentage compared to the one used for four engine types. 

Moreover, in Fig. 4.84 is also indicated that significant underestimation of trapped 

mass in the cylinder results in divergence of the predicted NOx values. 

Nevertheless, the present investigation, aims to reveal that the value of trapped 

mass amount has an impact on the total computational time affecting the convergence time 

of the iterative processes comprised in the model’s calculations. 
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4.4.7  Computer System Power Effect 

In the present section is examined, indicatively, the effect of the computer system 

power on the computational time. This was managed by running the model on personal com-

puters (PC) with different specifications. Herein, the term “computer power” mostly corre-

sponds to the number of processor threads, frequency (i.e. speed) of CPUs and RAM memory 

and speed. In the following Table 4.7 the basic specifications of the PCs used are presented 

in ascending “computer power” order. 

PC 
Processor 

Frequency  

Number of 

Processor Threads 

RAM 

memory 

RAM 

speed 

 [GHz] [ ] [Gbyte] [MHz] 

1 2.53 1 0.5 533 

2 2.00 2 2 800 

3 2.00 2 4 1333 

4 2.30 2 4 800 

5 1.80 4 6 1600 

6 1.80 4 8 1600 

7 3.10 4 4 1333 

8 2.50 4 6 1600 

9 2.20 8 6 1333 

10 2.80 8 6 1333 

11 2.93 8 8 1333 

Table 4.7: The basic specifications of the PCs used to run the 

proposed model. 

In Fig. 4.85, is depicted the computational time (CPU time – see section 4.4.1) 

required from the proposed model to provide final results when it runs on each PC: 

 

Figure 4.85: Computational time against computer power 

for four engine types. 
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From the observation of Fig. 4.85 (see also Table 4.7) is obvious that the compu-

tational time is generally decreased as computer specifications are improved (ostensible 

“computer power” increase) as expected. It is noted that, the order of magnitude of execution 

time varies for each engine type because the run settings (i.e. CA step, NOx integration step, 

, cylinder number, etc.), which have an impact on computational time (see sections 4.4.2–

4.4.6), differ. The reason that the trend presents some fluctuation, is that the computational 

time depends not only from the parameters of Table 4.7 but also on a number of parameters 

such as the CPU stage of development, architecture of the CPU, number of CPU arithmetic 

units, storage unit speed, cache memory, memory management from the operating system, 

etc. It should be noted that the number of CPUs (i.e. threads) does not affect the computa-

tional time of the specific model, since its algorithm is serial and it has not been parallelized 

yet. 
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Chapter 5 SUMMARY AND CONCLUSIONS 

5.1 Summary 

The objective of the study described in the present dissertation is the development 

and evolution of a simulation tool which can provide fast and reliable predictions for NOx 

exhaust emissions and formation history inside the combustion chamber of DI Diesel en-

gines by using the in–cylinder measured pressure trace. For this reason, a semi–empirical, 

multi–zone, thermodynamic model has been developed. The source code of the proposed 

model was composed from the author using the FORTRAN programming language [252]. 

The motivation for this study emerged from the requirement of Diesel engine 

manufacturers and end–users for simple solutions to assist the effort for the NOx control, 

monitoring and verification. This requirement stems from the demand for compliance to the 

current strict and future even stringent regulations for NOx limits, which have been pre-

scribed from national and international organizations and adopted from governments world-

wide. A great number of nations have adopted these regulations in their legislation, realizing 

the adverse effects of NOx emissions on human health and environment. 

Considering that one of the most significant source of NOx emissions is the tail–

pipe exhaust gases from passenger cars (especially in crowded cities), automotive transpor-

tation (e.g. trucks), marine transportation and power generation in isolated areas and that the 

majority of the engines used for these applications are Diesel, the proposed model is focusing 

in this category of reciprocating internal combustion engines. Hence, the proposed model 

has been validated and evaluated using measurements derived from a passenger car light–

duty Diesel engine, a truck heavy–duty Diesel engine and various large–scale Diesel engines 

of both types, 2 and 4–stroke used for vessel propulsion (main engines) and power generation 

(auxiliary engines) and also in power plants in Greek Islands. 

In order to investigate and analyze the existing knowledge in the field of compu-

tational NOx emission prediction tools, a comprehensive literature review has been con-

ducted. From this investigation, the interest for simplified but also accurate and reliable sim-

ulation models has been revealed. These models have been extensively studied, analyzed 

and evaluated in order to define the areas of improvement. The advantageous features of the 

existing models in combination with new innovative concepts introduced in the present work, 

were then composed and optimized to develop a new NOx prediction model, oriented for 

real–time applications. The proposed model aims to cope with the downsides of the existing 

models/concepts such as the high computational cost, complexity, calibration effort, low 

range of implementation and reliability, difficulty of handling, etc. 

After the literature review, the proposed NOx model and its sub–models have been 

thoroughly analyzed. At first, the measured in–cylinder pressure processing is described in 

brief. The determination of initial conditions (e.g. composition of the trapped mass account-

ing for the EGR and RG fractions) that are required for HRR and NOx sub–models, follows. 

Regarding 2–stroke engines, a new, modified perfect–mixing, non–isothermal scavenging 
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model was introduced for the determination of the initial conditions (temperature, trapped 

mass and its composition). Then the HRR analysis is demonstrated. In this analysis a single–

zone concept was adopted, which uses the measured in–cylinder pressure trace, ideal com-

bustion chemistry, Annand concept for heat exchange between the cylinder wall and in–

cylinder charge, new methodologies for the determination of SOC and EOC and determina-

tion of the apparent combustion rate (i.e. the fuel amount burnt at each CA interval assuming 

instantaneous combustion). The last was utilized at next in the NOx sub–model which dis-

tributes the elementary fuel amounts into combustion zones. 

The number of zones is determined from the engine cycle – crank angle (CA) 

discretization and combustion duration (in °CA). After its generation, each zone is evolving 

during the closed engine cycle and is treated as individual thermodynamic system having its 

own history of temperature, volume, composition and NO formation while assuming pres-

sure homogeneity inside the cylinder at each instance, which corresponds to the measured 

one. The temperature and volume of each zone (generating, evolving or unburnt) are calcu-

lated using the first thermodynamic law, accounting for the heat exchange through cylinder 

wall and the number of moles variation, without adopting any constant pressure and volume 

process assumptions. Moreover, the composition of the zones at the time of their generation 

was calculated using combustion chemistry, the zone equivalence ratio z (which is other 

than the mean ), and a chemical equilibrium scheme to calculate the equilibrium composi-

tion of the products and to account for the temperature decrease due to the endothermic 

chemical reactions of dissociation. This scheme was also implemented to calculate the com-

position of the zone while is being compressed/expanded throughout the cycle. The compo-

sition of the unburnt zone was assumed unchanged. Obviously, the NOx is formed only in 

the combustion zones (at generation and evolution) and is calculated using a NOx kinetics 

scheme based on the extended Zeldovich thermal NO mechanism. This mechanism uses as 

inputs the zone temperature, volume, equilibrium composition and the NO amount from the 

previous step. Thereby, the NO history of each zone is provided, but also the in–cylinder NO 

history (i.e. NO formed at each instance) from the sum of NO comprised in the existing zones 

at the current CA time step. This, provides the potential for investigating NO formation dur-

ing the engine cycle. At the end of the closed engine cycle, namely when exhaust valve opens, 

this sum corresponds to the tail–pipe exhaust NOx emissions. 

To optimize qualitatively the model results, an empirical correlation for the cal-

culation of the equivalence ratio used in zones’ combustion (z) was developed. It is noted 

that, the value of z remains constant for the entire close cycle. However its value alternates 

for different operating points since is a lineal function of typical engine operating parameters 

and values derived from the measured cylinder pressure processing and HHR analysis. More-

over, to optimize the results quantitatively, a single scaling factor (SF) was used for each 

large–scale engine examined, which however, for the test cases examined, was relatively 

close to unity. The SF is derived from calibration on a single operating point. It is also noted 

that for the automotive engines examined, no calibration using SF was used, since the ex-

tracted results (absolute NO values) were adequate. 

The model was implemented on various types of supercharged, DI Diesel engines 

for various engine configurations and settings variation. The test engine types and the cor-

responding test parameters which were used to evaluate the model’s ability to predict NOx 
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emissions, but most importantly NOx trends with the variation of these parameters, were the 

following: 

1. Two large–scale, 2–stroke, constant speed, power generation engines established 

in Chios island. Variation of engine load, fuel injection timing and fuel type 

change from HFO to DFO (during engine operation). 

2. One large–scale, 2–stroke constant speed, power generation engine established in 

Paros Island. Variation of engine load. 

3. One large–scale, 4–stroke constant speed, power generation engine established in 

Paros Island. Variation of engine load. 

4. Nine large–scale, 2–stroke, low speed marine propulsion engines (main engines). 

Variation of engine speed/load and for two of them, variation of fuel injection 

timing. 

5. Three large–scale, 4–stroke, constant speed engines, established in ships for 

power generation (auxiliary engines). Variation of engine load. 

6. A heavy–duty truck engine equipped with common rail fuel injection. Variation 

of engine load for various engine speed cases, as determined from the Extended 

European Stationary Cycle (EESC). For a particular engine speed and load: vari-

ation of fuel injection timing, EGR rate, fuel injection pressure and intake (boost) 

pressure. 

7. A passenger car engine, equipped with common rail fuel injection and pilot injec-

tion. Variation of EGR rate, fuel injection pressure, fuel injection timing and in-

take (boost) pressure. 

The implementation of the proposed model on these engines has provided encour-

aging results, revealing its capability to adequately predict the measured NOx emissions and 

also capture the trend of NOx variation as the engine parameters and settings vary. As shown, 

the model can also provide information for the NO formation history inside the combustion 

chamber during the engine cycle. The most important is that it accomplishes to provide reli-

able results, with low computational cost, for different engine types without significant cal-

ibration effort. Thus, after additional development, it can be utilized in research and practical 

field. 

5.2 Justification of the Dissertation 

From numerous scientific studies and extensive research, it has been deduced that 

NOx pollution has hazardous effects on human health and environment. This is worldwide 

recognized thus, the governments of the developed countries have set strict limits for NOx 

emissions. Among others, the internal combustion engine (ICE) industry is a major contrib-

utor to NOx pollution. Hence is obligated, from the legislation, to significantly reduce NOx 

emissions presently and in the near future. The future limits are continually tighten, where 

in some cases, the imposed from the legislation decrease comes up to ~95%! For this reason 

the ICE manufacturers and end–users are seeking for efficient methods to control NOx emis-

sions in order to quarantine their presence in the markets, increase their competitiveness and 

avoid the high fines, severe sanctions and boycott. 
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To face the legislation for the NOx emissions limits the ICE industry makes use 

of various methods/technologies for NOx abatement. These methods/technologies are di-

vided into two categories: primary (in–cylinder) and secondary (exhaust after–treatment) 

methods. 

The implementation of the primary methods objects to locally limit the oxygen 

availability and lowering the temperatures developed in the combustion chamber which fa-

vor NOx formation. The secondary methods aim to chemically or/and catalytically dissipate 

the NOx comprised in the exhaust gases. Thus, these methods, alone or in combination, can 

significantly reduce NOx emissions from Diesel engines (which is the ICE examined in the 

present work) up to more than 90%. 

It is mentioned that the secondary methods, namely exhaust after–treatment tech-

nologies, are more efficient. However, these technologies, induce a significant space and 

weight penalty and also present high installation and operating cost. Alternatively and/or 

supplementary, the primary methods should be used. These methods are advantageous be-

cause they do not present the drawbacks of the after–treatment technologies and in some 

cases, can be directly implemented on existing engines by applying low cost retrofits. How-

ever, their implementation requires extensive research involving the use of both, computa-

tional and experimental techniques. 

Considering the previous, ICE industry is focusing on the use of primary (in–

cylinder) measures, which alone or combined, can provide adequate NOx reduction. These 

measures can also reduce the demands from after–treatment devices in cases where these are 

used. Therefore, increasing effort should be given (considering the cost) to reduce as much 

as possible NOx emissions using primary measures. To assist the development and operating 

process and minimize the cost, ICE manufacturers and end–users are involving simulation 

tools, in combination with experimental research, to contribute to the effort for the enhance-

ment of design development and efficiency optimization during actual operation (i.e. real–

time/close–loop control) and to control NOx emissions with the least possible fuel penalty. 

For this reason, researchers have developed a variety of models from detailed 

CFD to very simple empirical/statistical ones to support this effort. However, as revealed, 

the CFD and 3D spray phenomenological models present high computational cost and com-

plexity despite the fact that they can provide a robust physical image of the processes taking 

place inside the combustion chamber. On the other hand, simple models (i.e. totally empiri-

cal) are very fast and can be ideal for specific applications but unfortunately are reliable only 

inside their calibration range. For these reasons, extensive research has been conducted for 

the development of semi–empirical models, which have the physical background, in order 

to be fast, reliable and valid in a wide range of engine configurations and operating condi-

tions. 

The majority of this type of models make use of multi–zone approaches, namely 

the in–cylinder charge is discretized into zones (two of more) to fairly represent the inho-

mogeneity of Diesel engine combustion process. They also use basic thermodynamics, com-

bustion chemistry, empirical and semi–empirical/phenomenological correlations to describe 

the in–cylinder processes. Furthermore, in some cases the in–cylinder measured (or calcu-

lated) pressure trace and HRR analysis are used. Each one of these models has its special 

characteristics, advantages and disadvantages. 
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The proposed model, which falls into the last mentioned category, aims to use 

only basic thermodynamics, combustion chemistry and simple but representative thermal 

NOx formation mechanism in combination with a simplified empirical concept. Furthermore, 

in order to maintain the concept of the proposed model simple with the features of low com-

putational cost, low calibration effort and easy handling, high versatility and wide imple-

mentation range, are not involved complicated semi–empirical/phenomenological correla-

tions for air entrainment, fuel vaporization mixing, mass and heat transfer, etc. which are 

used from similar models. The effect of the previous is compensated from the utilization of 

the measured pressure trace on which the proposed model is based on. 

The utilization of the measured in–cylinder pressure in the calculation of combus-

tion rate via HRR analysis and the use of actual pressure in the NOx model calculations, is a 

robust model feature since it provides, directly or indirectly, useful information for the pro-

cesses taking place inside the cylinder where the NOx is formed. Namely, the evolution of 

the closed engine thermodynamic cycle is directly reflected in the pressure trace and the 

derived HRR. Moreover, the most important is that the complex mechanisms describing 

these processes, the modeling of which is very complicated, has high computational cost and 

contains many uncertainties in its calculation, can be indirectly accounted for via the use of 

the actual in–cylinder pressure. Some of these mechanisms are the following: 

 charge flow, 

 turbulence, 

 spray formation, 

 penetration, 

 break–up, 

 spreading, 

 fuel atomization, vaporization and mixing with the unburnt charge, 

 combustion and dissociation reactions, 

 flame propagation and quenching, 

 leakages, 

 heat losses, 

 etc. 

In addition, the effect of engine geometry is also implicitly accounted for. 

5.3 Conclusions of the Dissertation 

Considering the previous justification for the elaboration of the present disserta-

tion based on the ICE industry demand for the deployment of efficient tools to assist on the 

effort for NOx abatement, a new simplified, multi–zone, semi–empirical model for NOx pre-

diction has been developed. The model combines physical and empirical model concepts 

and utilizes the in–cylinder pressure trace to provide the tail–pipe NOx emissions and for-

mation history during an engine cycle. The model has been extensively validated on various 

types of DI Diesel engines, as follows: 

1. 2 and 4–stroke engines. 

2. Automotive engines: 

 heavy–duty and 
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 light–duty. 

3. Large–scale engines: 

 marine propulsion (main engines), 

 marine auxiliary engines and 

 stationary power plant engines. 

4. Regarding engine speed: 

 low, mid and high speed and 

 constant and variable speed. 

The model ability to capture the NOx variation trend and NO formation history 

inside the combustion chamber during an engine cycle when engine parameters vary was 

also examined. The examined engine parameters/settings were the following: 

1. Engine speed and load. 

2. Fuel type. 

3. Exhaust gas recirculation (EGR) rate. 

4. Start of injection (SOI) timing 

5. Fuel injection pressure. 

6. Intake manifold (boost) pressure.  

A total of 89 operating points for large–scale engines and 132 for automotive en-

gines were utilized for model validation and evaluation. From the results, the model’s ability 

to adequately approach the measured NOx absolute values but most importantly, to predict 

the NOx trend with the variation of the aforementioned parameters/settings, has been pre-

sented. As for absolute NOx emissions values, after calibration at a single operating point for 

each large–scale engine examined using a scaling factor (SF) – multiplier and without any 

calibration for the examined automotive engines, the model manages to predict NOx with a 

relative error in the vicinity of ±20% for the majority of the test cases examined, for all types 

of engines considered. 

Nevertheless, the relative error, as shown, is sometimes misleading because very 

low measured NOx values induce high ratios (i.e. high relative error). This is justified when 

the relative error ratios of the test cases corresponding to the large–scale engines are com-

pared against the ones of the light–duty engine which emits much lower amounts of NOx. 

Namely, the 74% of the large–scale engines test cases presents a relative error up to ±10% 

in contrast to the light–duty engine where the 43% of its test cases lies in the error zone of 

±10%. Moreover, high relative error can result from other sources such as: 

1. In–cylinder pressure primary measurement error, e.g. signal noise, pegging, etc. 

2. Improper smoothing of the pressure trace, i.e. under or over–smoothing. 

3. HRR processing and analysis. 

4. Inaccurate input data (normal), i.e. EGR rate, fuel mass flow, intake manifold 

conditions. 

5. Uncertain calculated trapped mass due to uncertainties in input data such as air 

mass flow or exhaust gas composition. 

6. Computational errors (e.g. convergence, rounding, CA and zonal discretization, 

etc.). 

7. Choice of the calibration point. 
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Furthermore, the computational time of the model was analyzed. The algorithm 

can provide results in a period from 10 s to 1 s (depends on the test case) when executed on 

a PC. However, this time period can be significantly reduced after simplification modifica-

tions of the model. The parameters that mostly effect model’s run time are the following: 

1. Number of iterative procedures. 

2. Convergence criteria of the iterative procedures. 

3. Zonal discretization, i.e. crank angle calculation step. 

4. Zone equivalence ratio. 

5. Trapped mass. 

6. Number of cylinders considered. 

7. Solver of the non–linear system for the calculation of zone composition.  

8. Integration step of NO calculation procedure. 

9. The precision of numbers used in the computation, i.e. single/double/quadruple 

floating–point representation format. 

10. Potential/power of the computer system used (e.g. PC). 

Finally, considering the potentials of the model developed in the present work, 

namely its ability to reliably predict the NOx variation when engine parameters and settings 

are varied and to adequately approach the absolute NOx values as well, for various engine 

types, in a considerably low computational cost, the proposed model, after additional devel-

opment and validation, can be proposed for the following applications: 

1. Real–time monitoring of NOx emissions on vessels, power plants, locomotives, 

trucks, etc. 

2. NOx prediction at operating points required by IMO Annex VI regulation 13 that 

cannot be measured, in order to complete the NOx report/certificate. 

3. Real–time and on–line NOx emissions monitoring of vessel engines since on–line 

in–cylinder pressure measurement is now feasible. 

4. NOx emissions verification procedures, e.g. verification of the provided NOx spec-

ifications (i.e. from the manufacturer), etc. 

5. Prediction of NOx emission deviation, from the certified/regulated values (e.g. 

from legislation), of an in–service engine, as the engine operating conditions vary. 

6. NOx sensor check for faults/malfunction (e.g. due to fouling) by comparing its 

measurements with the model’s results. 

7. Support the development/operation/real–time control and optimization of the in–

cylinder (primary) NOx abatement techniques (e.g. model–base control). 

8. Contribution to the management of NOx after–treatment systems (e.g. close–loop 

control, etc.). 

9. Contribution to the field of engine research, development and optimization re-

garding NOx control on existing engines (i.e. improvement of injection strategy, 

EGR rate, boost pressure, etc.). 
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5.4 Novelty Features of the Present Dissertation 

Despite the fact that a variety of semi–empirical, multi–zone models have been 

developed in the past, herein a new concept is adopted, with new additions and novelty fea-

tures. Existing knowledge, as presented in the relevant literature, new methodologies/strate-

gies developed and comprehensive statistical analysis of a large amount of engines and ex-

perimental data, were composed to create a versatile simulation tool for the prediction of 

NOx emissions from a wide range of DI Diesel configurations. The new, innovative and 

novelty features of the present work are the following: 

1. A new simplified multi–zone concept was adopted for the calculation of the fol-

lowing: 

 tail–pipe NO (or equivalent NOx) emissions, 

 NO formation history inside the cylinder during the closed engine thermodynamic 

cycle, 

 zone temperature, volume, chemical composition history during the closed engine 

cycle, 

 weighted average zone temperature, average zone composition and cumulative 

zone mass evolution during the engine cycle and 

 average cylinder temperature and chemical composition history. 

2. The model makes use of the measured in cylinder pressure, on which the effects 

of the mechanisms taking place inside the cylinder are reflected on, directly or 

indirectly, to calculate, via a detailed HRR analysis, the elementary fuel amount 

burnt at each CA interval. The HRR analysis combines the first thermodynamic 

law and combustion chemistry and also accounts for the heat exchange with cyl-

inder wall, actual charge composition (i.e. ambient air, ERG and RG gases) and 

cylinder basic geometry. 

3. The combustion rate (derived from HRR) is discretized according to a CA step 

into individual autonomous zones which evolve throughout the engine cycle fol-

lowing physical laws. By this way, the combustion and evolution of each elemen-

tary fuel amount burnt at a specific CA interval can be investigated separately. 

This feature can be useful in NOx control optimization investigations (e.g. fuel 

injection strategy, EGR rate, etc.). 

4. A new approach is used for the calculation of the zone equivalence ratio z. z is 

calculated using an empirical/statistical correlation which involves typical engine 

operating parameters and values derived from the measured in–cylinder pressure 

processing and HHR analysis. Its value is calculated only once for each engine 

operating point and remains constant throughout the engine cycle. This feature 

minimizes model complexity, computational cost and calibration effort and adds 

versatility to the model. 

5. Despite its simplified structure the proposed model sustains a strong physical base 

and in combination with the use of actual engine data and especially of the meas-

ured in–cylinder pressure, provide to the model directness, reliability and versa-

tility. 
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6. Low calibration effort is required in order to improve quantitatively the model’s 

results. Particularly, only a single multiplier was used for each large–scale engine 

(which was practically close to unity), in order to correct the raw calculated NOx 

values. This multiplier, called scaling factor (SF), is simply derived from calibra-

tion on a single operating. 

7. From the literature review, is revealed that for the first time a NOx emissions sim-

ulation model was applied on such a large number of engine types, operating 

points and engine adjustments/settings. 

8. Furthermore, in order to accurately and reliably locate the start of combustion 

(SOC) for various types/forms of in–cylinder pressure traces, a new methodology 

was developed for the determination of the CA step where the combustion com-

mences (SOC). This methodology has successfully estimated the SOC for a vari-

ety of pressure traces corresponding to different engine types and engine adjust-

ments/settings. 

9. A new methodology was developed for the determination of end of combustion 

(EOC) using the NHRR by processing the tail of the diagram using additional 

smoothing and statistical technics. 

10. A new, fast methodology was developed for the determination “α” coefficient 

used in the calculations of heat exchange through the cylinder wall. 

11. Regarding 2–stroke engines, a new simplified scavenging model was developed 

and used to calculate the initial conditions (trapped charge mass, temperature and 

RG mass fraction) at the start of compression, i.e. at exhaust valve closure (EVC). 

5.5 Future Work 

Despite the adequate predictions of NO (or equivalent NOx) emissions that the 

proposed model can provide, the prospective exists for further improvement after additional 

development, in order to enhance its reliability, minimize the computational cost and en-

rich/expand its potentials. 

For the enhancement of model reliability and versatility, the following modifica-

tions/additions can be employed: 

1. Regarding NOx formation calculations, additional formation mechanisms should 

be employed such as the N2O–intermediate pathway. This mechanism becomes 

important at low–temperature combustion (T < 1800 K), e.g. in high–EGR com-

bustion and low–temperature combustion (LTC) engines. Furthermore, consider-

ing that the fuel–bound nitrogen content in the heavy fuel oil (HFO), used in 

large–scale engines, is noticeable, the fuel NOx formation mechanism should be 

employed, although its contribution is rather small, in order to account fuel’s con-

tribution to NOx formation. The use of more complicated NOx formation schemes, 

which involve numerous chemical reactions and chemical kinetics considerations, 

can provide more representative NOx emissions. However, the use of these 
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schemes will increase the computational cost disproportionately with the grade of 

the results improvement. 

2. As revealed from the investigation, the correct determination of the HRR and 

hence combustion rate, TDC, SOC, COC, EOC, pressure at start of compression 

and main SOC, maximum combustion pressure, etc. is crucial for the NO model 

calculations, since their miscalculation induce significant error in the model’s re-

sults. Thus, the raw pressure signal should be appropriately filtered. In the present 

work, Savitzky–Golay filter was used with a constant width smoothing window. 

However, more effective digital filters can be used to achieve more intensive 

smoothing in regions with higher noise (e.g. late in expansion phase) but lighter 

smoothing is sensitive regions such as in the vicinity of TDC, SOC and maximum 

combustion pressure in order to avoid useful information loss. This can be man-

aged by filtering the pressure signal using reconfigurable filters (variable smooth-

ing window and weighting factors). Moreover, dada driven methods (e.g. wavelet, 

furrier, etc.) can be employed to analyze the pressure trace and contribute to signal 

interpretation, namely to acquire information for its specific characteristics (e.g. 

SOC) and also, to detect the noise frequencies in an effort to develop and use the 

suitable signal filters. 

3. Despite the fact that the empirical correlation for the zone equivalence ratio z 

was derived from an extensive statistical investigation, further validation is pro-

posed in the future on additional engine configurations and operating points. 

Moreover, the use of nonlinear polynomials should be examined. Also additional 

investigation is proposed in order to examine the possibility of enrichment or 

modification of the proposed correlation accounting for new parameters.  

4. In order to enhance the model’s physical background, investigations for new 

semi–empirical correlations may be conducted. For instance, a new correlation 

could provide a variable Φz during the engine cycle to represent, with better phys-

ical consistency, the mean actual zonal/local . In Diesel engines, the mixture 

composition becomes from very fuel rich at the start of combustion to very lean 

as combustion evolves and close to stoichiometry late in combustion/expansion 

phase. This concept can be approached using a sigmoid function. Nonetheless, the 

coefficients and shape factors of such a function, should be determined via a thor-

ough investigation using experimental and/or simulation data from relevant in–

cylinder studies. 

5. To further simplify the model’s concept, minimize computational time and sensi-

tively to parameter α used for heat exchange through cylinder wall process, is 

proposed to use an empirical concept instead of Annand’s model for the heat ex-

change between zones and cylinder wall. For instance, a constant percentage of 

zone’s fuel energy could be considered as a heat loss. Alternatively, an empirical 

correlation could be used to determine this percentage, using as independent var-

iables the engine geometry and/or engine operating parameters such as piston po-

sition/speed, engine load, etc. 
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For the diminution of the model computational time, the following measures are 

proposed: 

1. As already mentioned, the enthalpies (h), constant pressure specific heat capaci-

ties (cp) and Gibbs free energy (g0) (and from this, equilibrium constants (Kp)) 

are calculated using the NASA polynomial approximations which are functions 

of temperature and composition. These polynomials are used numerous times dur-

ing an engine cycle because they participate in many calculation processes, many 

of which are embedded in iterative computations. Hence, the use of these polyno-

mials increases the computational cost. Thus, thermodynamic maps (JANAF ta-

bles) for each participating species may be used for the calculation of h, cp and g0 

instead of the aforementioned polynomials. However, this methodology require 

efficient memory and database management in order to be adequately fast. 

2. Adoption of simplifications/assumptions (isentropic, adiabatic, isobaric varia-

tions, etc.) for the thermodynamic procedures. In the proposed model these as-

sumptions were not adopted to sustain a strong physical background. However, 

the implementation of these assumptions will affect the quality of the extracted 

results and cause convergence issues due to inconsistencies that may occur during 

zone temperature and volume calculation (e.g. very low temperatures, negative 

volumes, etc.). 

3. During model calculations, a large number of matrices/arrays computations are 

carried out, which however are executed in serial mode. Therefore, the parallel-

ization of the algorithm is suggested, which will significantly decrease the com-

putational cost. This conversion can be attained by using parallel programing pro-

tocols/methods such as MPI, openMP, KUDA, etc. Apparently, in order to utilize 

the time reduction ability of the parallelized algorithm, it should be run on a com-

putational system using multiple central processing units (CPUs) or graphics pro-

cessing units (GPUs), etc. 

4. Programming and memory management optimization can also contribute to the 

computational time diminution. 

5. Considering the number of iteration procedures, the use of looser convergence 

criteria will noticeably decrease computational time, but will also increase the risk 

for unforeseen divergences. 

6. The algorithm of the proposed model is composed using double–precision (64 bit) 

computations. If single–precision (32 bit) is used instead, the computational time 

would be significantly decreased, since the processing and memory demands 

would be lower. However, this measure may result in deterioration of the results 

and convergence problems. The last, can be generally overtaken by using appro-

priate numerical methodologies. 

7. One of the most time consuming procedures carried out during model calculations, 

is the solution of the non–linear system for the calculation of zone equilibrium 

composition. Herein, this system is solved, after linearization and reduction, by 

using the Gauss elimination method. Faster technics may be employed, such as 

LU decomposition, in order to decrease computational time. 

8. The computational cost can obviously reduce by using advanced computer system 

hardware, i.e. faster RAM and permanent storage memory (i.e. solid state drives), 



Savva S. Nicholas – Doctoral Dissertation 

222 

faster CPUs, contemporary CPU architecture and stage of development, CPUs 

with high number of arithmetic units, fast and high capacity cache memory, fast 

system bus, etc. 

9. Another interesting perspective to reduce computational time, is to break the al-

gorithm into parts and embed each part/procedure (i.e. sub–model, or group of 

sub–models) in a separate specialized standalone computational system. These 

systems would be coupled under a manager controller. Such computational sys-

tems are the application specific integrated circuits (ASICs) systems and the field 

programmable gate arrays (FPGAs) which are much faster than a PC since they 

are design for the specific application (e.g. do not use operating system). 

In the future, the proposed model can be enriched with additional sub–mod-

els/systems in order to be able to be implemented autonomously in research and practical 

applications. The suggested new sub–models/systems could be the following: 

1. In–cylinder pressure signal acquisition and pegging system. 

2. Filtering of the analog pressure signal using the appropriate hardware (i.e. analog 

low–pass filters).  

3. Thermodynamic model or electromechanical system for the determination of 

TDC and therefore synchronization of pressure signal with CA. 

4. Simplified, simulation single–zone model for the prediction of pressure trace for 

the cases where the corresponding measured one is not available. Ideally, this 

model should have the capabilities to account for the variations in engine settings, 

e.g. SOI, EGR rate, injection pressure and boost pressure, etc. 

5. Model for the estimation of fuel mass flow or ideally, system for its direct meas-

urement. 

6. Model in conjunction with the use of sensors (e.g. that measure intake pressure, 

temperature, exhaust O2, etc.) for the estimation of intake air mass flow. 

7. Model for the estimation of initial conditions at intake manifold (e.g. open cycle 

simulation) or system for their direct measurement or combination of both. 

Nonetheless, the potential exists for the proposed model, to be integrated to exist-

ing, well validated software and hardware systems used for engine performance and emis-

sions analysis, diagnosis and control. 

5.6 Publications 

During the period of this doctoral study the following papers were published: 

1. Hountals D. T., Savva N. , and Papagiannakis R. G., "Development of a new 

physically based semi–empirical NOx model using the measured cylinder pres-

sure.", in THIESEL 2010 Conference on Thermo-and Fluid Dynamic Processes 

in Diesel Engines, Valencia, Spain, pp. 341–356, Sept. 14–17, 2010. 

2. Savva N. S. and Hountalas D. T., "Detailed evaluation of a new semi–empirical 

multi–zone NOx model by application on various Diesel engine configurations.", 

SAE paper, Apr. 2012, 2012-01-1156. 
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3. Provataris S. , Savva N. S., and Hountalas D. T., "Detailed evaluation of a new 

semi-empirical two–zone nox model by application on various Diesel engine con-

figurations.", in Proceedings of the Spring Technical Conference of the ASME 

Internal Combustion Engine Division., Torino, pp. 727-743, May 6–9, 2012. 

4. Savva N. S. and Hountalas D. T., "Evolution and application of a pseudo-multi-

zone model for the prediction of NOx emissions from large-scale Diesel engines 

at various operating conditions.", Energy Conversion and Management, vol. 85, 

pp. 373–388, Sept. 2014. 

Furthermore, the following paper have been submitted to an international journal 

and is currently under review: 

1. Savva N. S. and Hountalas D. T., " Implementation of a Nitric Oxide (NO) semi–

empirical, multi–zone model on a heavy and a light–duty DI Diesel engine.", Un-

der Review. 

2. Savva N. S., Raptotasios S. I., Zovanos G. N., Sakellaridis N. F., Hountalas D. T., 

"Investigation of fuel switching (HFO to DFO) on a large–scale, two–stroke Die-

sel engine: effect on performance and emissions.", Under Review. 
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APPENDIX  

a. Calculation of Exhaust Mass Flow with Carbon Balance 

Method 

Herein, the carbon balance method used for the exhaust mass flow⁡(𝑚̇𝑒𝑥ℎ) on wet 

basis calculation and therefore intake air mass flow⁡(𝑚̇𝑎𝑖𝑟) calculation, in [kg/h], is pre-

sented. This method is obtained from IMO Annex 13 (revised Annex VI) [46]. The inputs of 

the method are: 

1. Fuel mass flow (𝑚̇𝑓𝑢𝑒𝑙 [kg/h]) (measured or calculated). 

2. Fuel mass composition (Y [%]): carbon (C), hydrogen (H), nitrogen (N) and ox-

ygen (O) mass content, i.e. kg C/kg fuel. 

3. Humidity ratio of the intake air (H [g water/kg dry air]). 

4. Exhaust gas composition, particularly: dry CO2 (XCO2exh,d [%] vol.), dry CO (xCO-

exh,d [ppmv]), wet HC (xHCexh,w [ppmv]). 

5. Ambient air CO2 concentration (XCO2amb,d [%] vol. = 0.03%). 

𝑚̇𝑒𝑥ℎ = 𝑚̇𝑓𝑢𝑒𝑙 ∙

(

 
 
 
 

(

 
 
 

1.4 ∙ 𝑌𝐶
2

(
1.4 ∙ 𝑌𝐶
𝑓𝑐

+ 0.08936 ∙ 𝑌𝐻 − 1) ∙
1

1.293
+ 𝑓𝑓𝑑

𝑓𝑐
2

+ 0.08936 ∙ 𝑌𝐻 − 1

)

 
 
 
∙ (1 +

𝐻

103
) + 1

)

 
 
 
 

 

𝐻 = 𝑚𝑖𝑛⁡(𝐻𝑎; 𝐻𝑆𝐶) 

𝐻𝑎 =
6.22 ∙ 𝑝𝑎 ∙ 𝑅𝑎

𝑝𝑏 − 0.01 ∙ 𝑝𝑎 ∙ 𝑅𝑎
 

𝑝𝑎 = (4.856884 + 0.2660089 ∙ 𝑇𝑎 + 0.01688919⁡ ∙ 𝑇𝑎
2 − 7.477123⁡ ∙ 10−5 ∙ 𝑇𝑎

3

+ 8.10525 ∙ 10−6 ∙ 𝑇𝑎
4 − 3.115221 ∙ 10−8𝑠 ∙ 𝑇𝑎

5) ∙
101.32

760
 

𝐻𝑆𝐶 =
622 ∙ 𝑝𝑆𝐶
𝑝𝑐 − 𝑝𝑆𝐶

 

𝑓𝑓𝑑 = −0.055593 ∙ 𝑌𝐻 + 0.008002 ∙ 𝑌𝑁 + 0.0070046 ∙ 𝑌𝑂 

𝑓𝑐 = (𝑋𝐶𝑂2𝑒𝑥ℎ,𝑑 − 𝑋𝐶𝑂2𝑎𝑚𝑏,𝑑) ∙ 0.5441 +
𝑥𝐶𝑂𝑒𝑥ℎ,𝑑
18522

+
𝑥𝐻𝐶𝑒𝑥ℎ,𝑤
17355

 

𝑚̇𝑎𝑖𝑟 = 𝑚̇𝑒𝑥ℎ − 𝑚̇𝑓𝑢𝑒𝑙 

where fc is called carbon factor, ffd is the fuel specific constant for the dry exhaust, which is 

calculated by the sum of the additional volumes of the combustion of the fuel elements, Ha 

is the intake air humidity ratio, HSC is the humidity ratio of the scavenging air in g water per 

kg dry air, pa [kPa] is the saturation vapor pressure of the intake air, Ra [%] is the relative 
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humidity of the intake air, pb [kPa] is the total barometric pressure, pSC [kPa] is the satura-

tion vapor pressure of the charge air and pc [kPa] is the charge air (scavenging) pressure. 

The temperature (Ta [°C]) used in the pa calculation is the one measured at the same physical 

location as the measurements for pb and Ra [46]. 

b. Conversion of NOx  from [ppmv] Dry to [g/h] Wet / IMO 

Concept 

If the NOx emissions are not measured on a wet basis, namely are measured in dry 

basis (after moisture removal from the sample) in volume ppm (ppmv), the measured con-

centration shall be converted to a wet basis. This is managed by multiplying the raw NOx dry 

measurement with the “dry to wet” correction factor (krw2), which is calculated for raw ex-

haust gas as shown in the following correlation, where the units for CO, CO2 and H2 con-

centrations (X) are in [%]. The specific factor is used when the carbon balance method is 

used for the calculation of exhaust flow. The corrections used in other cases and further 

details can be found in Ref. [46]. After the conversion of the NOx concentration in wet basis, 

it is multiplied with exhaust mass flow and the empirical coefficient uNOx to be converted in 

[g/h]. The uNOx coefficient is the ratio between density of NOx and density of exhaust gas, 

assuming the following: typical fuel oil composition, combustion with λ=2 (=0.5), wet air, 

273 K and 101.3 kPa [46]. 

where pb [kPa] is the total barometric pressure and pr [kPa] is the water vapor pressure after 

cooling bath. Herein, pr is taken equal with 0.76 [kPa] which corresponds to a cooling bath 

temperature of 3°C. Ha is the absolute humidity of intake air, in g water per kg dry air, which 

can be calculated as shown in Appendix a. 𝑁𝑂𝑥𝑤𝑒𝑡 is in [ppmv] units, 𝑚̇𝑒𝑥ℎ [kg/h] is the 

exhaust mass flow in wet basis as calculated in Appendix a and 𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 [g/h] is the NOx 

mass flow in wet basis. 

𝑘𝑤𝑟2 = [1 + 𝑎 ∙ 0.005 ∙ (𝑋𝐶𝑂2𝑒𝑥ℎ,𝑑 + 𝑋𝐶𝑂𝑒𝑥ℎ,𝑑) − 0.01 ∙ 𝑋𝐻2,𝑑 + 𝑘𝑤2 −
𝑝𝑟
𝑝𝑏
]
−1

 

𝑎 = 11.9164 ∙
𝑌𝐻
𝑌𝐶

 

𝑋𝐻2,𝑑 =
0.5 ∙ 𝑎 ∙ 𝑋𝐶𝑂𝑒𝑥ℎ,𝑑 ∙ (𝑋𝐶𝑂2𝑒𝑥ℎ,𝑑 + 𝑋𝐶𝑂𝑒𝑥ℎ,𝑑)

𝑋𝐶𝑂𝑒𝑥ℎ,𝑑 + 3 ∙ 𝑋𝐶𝑂2𝑒𝑥ℎ,𝑑
 

𝑘𝑤2 =
1.608 ∙ 𝐻𝑎

1000 + 1.608 ∙ 𝐻𝑎
 

𝑁𝑂𝑥𝑤𝑒𝑡 = 𝑁𝑂𝑥𝑑𝑟𝑦 ∙ 𝑘𝑤𝑟2 

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 = 𝑢𝑁𝑂𝑥 ∙ 𝑁𝑂𝑥𝑤𝑒𝑡
∙ 𝑚̇𝑒𝑥ℎ 

𝑢𝑁𝑂𝑥 = 0.001586, 𝑓𝑜𝑟⁡𝜆 = 2,𝑤𝑒𝑡⁡𝑎𝑖𝑟, 273⁡𝐾⁡𝑎𝑛𝑑⁡101.3⁡𝑘𝑃𝑎 
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c. Conversion of NOx  [g/h] Wet to [g/kWh] and [g/kg fuel]  

Usually, in the legislation forms or certificates, the limits for NOx emissions are 

provided in reduced form, namely in [g/kWh] or [g/kg fuel] units, for easiness in comparison 

and supervision. For this reason the conversion of NOx (wet) emissions from [g/h] (see Ap-

pendix b) to [g/kWh] and [g/kg fuel] is demonstrated at next: 

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔

𝑘𝑊ℎ
) =

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔
ℎ
)

𝑃(𝑘𝑊)
 

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔

𝑘𝑔⁡𝑓𝑢𝑒𝑙
) =

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔
ℎ
)

𝑚̇𝑓𝑢𝑒𝑙 (
𝑘𝑔
ℎ
)

 

𝑜𝑟⁡𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔

𝑘𝑔⁡𝑓𝑢𝑒𝑙
) =

𝑚̇𝑁𝑂𝑥𝑤𝑒𝑡 (
𝑔
ℎ
)

𝑏𝑠𝑓𝑐 (
𝑔
𝑘𝑊ℎ

) ∙
𝑃(𝑘𝑊)

1000 (
𝑔
𝑘𝑔⁄ )

 

where P [kW], 𝑚̇𝑓𝑢𝑒𝑙 [kg/h] and bsfc are the engine power, fuel mass flow and brake specific 

fuel consumption during measurement. It is noted that, particularly for NOx emissions, for 

the completion of the respective emission certificate, a humidity correction factor (i.e. khd 

[46]) should also be applied to reduce the NOx to a reference ambient humidity, since ambi-

ent humidity has a considerable impact on NOx emissions. However, the target of the current 

study in not to compare the engines NOx emissions with the legislation limits but to evaluate 

the ability of the proposed model to predict NOx for the actual ambient and engine conditions. 

Hence, this correction is not applied. 

d. NASA Polynomials for Constant Pressure Specific Heat 

Capacity, Enthalpy and Entropy 

In this section, the polynomials used for the calculation of the constant pressure 

specific heat capacity (cp [J/kmol/K]), enthalpy (h [kJ/kmol]) and entropy (s [J/kmol/K]), as 

proposed by NASA Glenn Research Center [180] are described as follows: 

(
𝑐𝑝(𝑇)

𝑅̅
)
𝑗

= 𝑎1𝑗 ∙ 𝑇
−2 + 𝑎2𝑗 ∙ 𝑇

−1 + 𝑎3𝑗 + 𝑎4𝑗 ∙ 𝑇 + 𝑎5𝑗 ∙ 𝑇
2 + 𝑎6𝑗 ∙ 𝑇

3 + 𝑎7𝑗 ∙ 𝑇
4 

(
ℎ(𝑇)

𝑅̅ ∙ 𝑇
)
𝑗

= −𝑎1𝑗 ∙ 𝑇
−2 + 𝑎2𝑗 ∙ 𝑙𝑛(𝑇) ∙ 𝑇

−1 + 𝑎3𝑗 + 𝑎4𝑗 ∙
𝑇

2
+ 𝑎5𝑗 ∙

𝑇2

3
+ 𝑎6𝑗 ∙

𝑇3

4
+ 𝑎7𝑗 ∙

𝑇4

5
+ 𝑏1𝑗 ∙ 𝑇

−1 

(
𝑠(𝑇)

𝑅̅
)
𝑗

= −𝑎1𝑗 ∙
𝑇−2

2
− 𝑎2𝑗 ∙ 𝑇

−1 + 𝑎3𝑗 ∙ 𝑙𝑛(𝑇) + 𝑎4𝑗 ∙ 𝑇 + 𝑎5𝑗 ∙
𝑇2

2
+ 𝑎6𝑗 ∙

𝑇3

3
+ 𝑎7𝑗 ∙

𝑇4

4
+ 𝑏2𝑗 

where T [K] is the gas temperature, 𝑅̅= 8314.472 [J/kmol K] is the universal gas constant of 

ideal gas and a and b are the polynomial constants for each species denoted with subscript j. 

The values of these coefficients are derived from fitting of experimental data using least 
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squares methodologies. Furthermore, each coefficient is defined from two constant values, 

the first is valid for temperatures equal or lower than 1000 [K] and the second for tempera-

tures greater than 1000 [K]. Here it is noted that enthalpy h(T) and entropy s(T) are obtained 

by integrating the cp(T) and cp(T)/T, respectively, with respect to T. Particularly for entropy 

(s), the result provided form the respective polynomial corresponds only to the part of en-

tropy which is a function of temperature and not to the one which corresponds to pressure 

variation (see Eq. (3.77) in section 3.5.6) [232]. Furthermore, it should be clarified that the 

calculation of enthalpy (h) using the corresponding polynomial provides the total enthalpy, 

namely the sum of reference and sensible enthalpy. 

Apparently, to calculate the cp, h and s of a mixture (mix), their values for each 

species comprised in the mixture for the examined temperature are calculated at first and 

then are summed up proportionally with their molar fraction in the mixture as follows (see 

also Eq. (3.49) and (3.50) in section 3.5.3): 

The values of the polynomials coefficients, for each one of the species considered, 

are demonstrated in the following tables (at next page) for both temperature cases, less or 

equal than 1000 [K] and greater than 1000 [K]: 

  

𝑐𝑝𝑚𝑖𝑥 = 𝑅 ∙∑𝑥𝑗 ∙ (
𝑐𝑝

𝑅
)
𝑗

𝑗

 

ℎ𝑚𝑖𝑥 = 𝑅 ∙ 𝑇 ∙∑𝑥𝑗 ∙ (
ℎ

𝑅 ∙ 𝑇
)
𝑗

𝑗

 

𝑠𝑚𝑖𝑥 = 𝑅 ∙∑𝑥𝑗 ∙ (
𝑠

𝑅
)
𝑗

𝑗
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 NASA Polynomials Coefficients for T ≤ 1000K 

species O2 N2 CO2 H2O H 

MW 

[kg/kmol] 
31.99880 28.01340 44.00950 18.01528 1.00794 

C
o

ef
fi

ci
en

ts
 

a1 -3.425563420E+04 2.210371497E+04 4.943650540E+04 -3.947960830E+04 0.000000000E+00 

a2 4.847000970E+02 -3.818461820E+02 -6.264116010E+02 5.755731020E+02 0.000000000E+00 

a3 1.119010961E+00 6.082738360E+00 5.301725240E+00 9.317826530E-01 2.500000000E+00 

a4 4.293889240E-03 -8.530914410E-03 2.503813816E-03 7.222712860E-03 0.000000000E+00 

a5 -6.836300520E-07 1.384646189E-05 -2.127308728E-07 -7.342557370E-06 0.000000000E+00 

a6 -2.023372700E-09 -9.625793620E-09 -7.689988780E-10 4.955043490E-09 0.000000000E+00 

a7 1.039040018E-12 2.519705809E-12 2.849677801E-13 -1.336933246E-12 0.000000000E+00 

b1 -3.391454870E+03 7.108460860E+02 -4.528198460E+04 -3.303974310E+04 2.547370801E+04 

b2 1.849699470E+01 -1.076003744E+01 -7.048279440E+00 1.724205775E+01 -4.466828530E-01 

species H2 N NO O2 OH 

MW 

[kg/kmol] 
2.01588 14.00670 30.00610 15.99940 17.00734 

C
o

ef
fi

ci
en

ts
 

a1 4.078323210E+04 0.000000000E+00 -1.143916503E+04 -7.953611300E+03 -1.998858990E+03 

a2 -8.009186040E+02 0.000000000E+00 1.536467592E+02 1.607177787E+02 9.300136160E+01 

a3 8.214702010E+00 2.500000000E+00 3.431468730E+00 1.966226438E+00 3.050854229E+00 

a4 -1.269714457E-02 0.000000000E+00 -2.668592368E-03 1.013670310E-03 1.529529288E-03 

a5 1.753605076E-05 0.000000000E+00 8.481399120E-06 -1.110415423E-06 -3.157890998E-06 

a6 -1.202860270E-08 0.000000000E+00 -7.685111050E-09 6.517507500E-10 3.315446180E-09 

a7 3.368093490E-12 0.000000000E+00 2.386797655E-12 -1.584779251E-13 -1.138762683E-12 

b1 2.682484665E+03 5.610463780E+04 9.098214410E+03 2.840362437E+04 2.991214235E+03 

b2 -3.043788844E+01 4.193905036E+00 6.728725490E+00 8.404241820E+00 4.674110790E+00 

species CO C12H26 Ar SO2  

MW 

[kg/kmol] 
28.01010 170.33484 39.94810 64.06440  

C
o

ef
fi

ci
en

ts
 

a1 1.489045326E+04 -1.583387502E+07 0.000000000E+00 -5.310842140E+04  

a2 -2.922285939E+02 2.318455011E+05 0.000000000E+00 9.090311670E+02  

a3 5.724527170E+00 -1.301084838E+03 2.500000000E+00 -2.356891244E+00  

a4 -8.176235030E-03 3.729278890E+00 0.000000000E+00 2.204449885E-02  

a5 1.456903469E-05 -5.271624900E-03 0.000000000E+00 -2.510781471E-05  

a6 -1.087746302E-08 3.786419430E-06 0.000000000E+00 1.446300484E-08  

a7 3.027941827E-12 -1.083032706E-09 0.000000000E+00 -3.369070940E-12  

b1 -1.303131878E+04 -1.147286089E+06 -7.453750000E+02 -4.113752080E+04  

b2 -7.859241350E+00 7.267799460E+03 4.379674910E+00 4.045512519E+01  
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 NASA Polynomials Coefficients for T > 1000K 

species O2 N2 CO2 H2O H 

MW 

[kg/kmol] 
31.99880 28.01340 44.00950 18.01528 1.00794 

C
o

ef
fi

ci
en

ts
 

a1 -1.03793902E+06 5.87712406E+05 1.17696242E+05 1.03497210E+06 6.07877425E+01 

a2 2.34483028E+03 -2.23924907E+03 -1.78879148E+03 -2.41269856E+03 -1.81935442E-01 

a3 1.81973204E+00 6.06694922E+00 8.29152319E+00 4.64611078E+00 2.50021182E+00 

a4 1.26784758E-03 -6.13968550E-04 -9.22315678E-05 2.29199831E-03 -1.22651286E-07 

a5 -2.18806799E-07 1.49180668E-07 4.86367688E-09 -6.83683048E-07 3.73287633E-11 

a6 2.05371957E-11 -1.92310549E-11 -1.89105331E-12 9.42646893E-11 -5.68774456E-15 

a7 -8.19346705E-16 1.06195439E-15 6.33003659E-16 -4.82238053E-15 3.41021020E-19 

b1 -1.68901093E+04 1.28321042E+04 -3.90835059E+04 -1.38428651E+04 2.54748640E+04 

b2 1.73871651E+01 -1.58664003E+01 -2.65266928E+01 -7.97814851E+00 -4.48191777E-01 

species H2 N NO O2 OH 

MW 

[kg/kmol] 
2.01588 14.00670 30.00610 15.99940 17.00734 

C
o

ef
fi

ci
en

ts
 

a1 5.60812801E+05 8.87650138E+04 2.23901872E+05 2.61902026E+05 1.01739338E+06 

a2 -8.37150474E+02 -1.07123150E+02 -1.28965162E+03 -7.29872203E+02 -2.50995728E+03 

a3 2.97536453E+00 2.36218829E+00 5.43393603E+00 3.31717727E+00 5.11654786E+00 

a4 1.25224912E-03 2.91672008E-04 -3.65603490E-04 -4.28133436E-04 1.30529993E-04 

a5 -3.74071619E-07 -1.72951510E-07 9.88096645E-08 1.03610459E-07 -8.28432226E-08 

a6 5.93662520E-11 4.01265788E-11 -1.41607686E-11 -9.43830433E-12 2.00647594E-11 

a7 -3.60699410E-15 -2.67722757E-15 9.38018462E-16 2.72503830E-16 -1.55699366E-15 

b1 5.33982441E+03 5.69735133E+04 1.75031766E+04 3.39242806E+04 2.01964021E+04 

b2 -2.20277477E+00 4.86523151E+00 -8.50166909E+00 -6.67958535E-01 -1.10128234E+01 

species CO C12H26 Ar SO2  

MW 

[kg/kmol] 
28.01010 170.33484 39.94810 64.06440  

C
o

ef
fi

ci
en

ts
 

a1 4.61919725E+05 -3.43056026E+06 2.01053848E+01 -1.12764012E+05  

a2 -1.94470486E+03 -1.98034819E+04 -5.99266107E-02 -8.25226138E+02  

a3 5.91671418E+00 9.21342378E+01 2.50006940E+00 7.61617863E+00  

a4 -5.66428283E-04 9.02395447E-03 -3.99214116E-08 -1.99932761E-04  

a5 1.39881454E-07 -2.21997358E-06 1.20527214E-11 5.65563143E-08  

a6 -1.78768036E-11 2.77046319E-10 -1.81901558E-15 -5.45431661E-12  

a7 9.62093557E-16 -1.37207320E-14 1.07857664E-19 2.91829410E-16  

b1 -2.46626108E+03 4.38186988E+04 -7.44993961E+02 -3.35130869E+04  

b2 -1.38741311E+01 -5.24819104E+02 4.37918011E+00 -1.65577609E+01  
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e. Calculation of Gas Properties (k, μ) using NASA 

Polynomials 

Thermal conductivity (k [W/m/K]) and dynamic viscosity ([Pa s]) of each spe-

cies j, is calculated via NASA polynomial approximations [221], which account only for the 

effect of gas temperature. These polynomials are presented at next: 

𝑘𝑗 = 𝑒𝑥𝑝 (𝐴𝑐𝑗 ∙ 𝑙𝑛(𝑇) + 𝐵𝑐𝑗 ∙ 𝑇
−1 + 𝐶𝑐𝑗 ∙ 𝑇

−2 + 𝐷𝑐𝑗) 

𝜇𝑗 = 𝑒𝑥𝑝 (𝐴𝑑𝑣𝑗 ∙ 𝑙𝑛(𝑇) + 𝐵𝑑𝑣𝑗 ∙ 𝑇
−1 + 𝐶𝑑𝑣𝑗 ∙ 𝑇

−2 + 𝐷𝑑𝑣𝑗) 

where A, B, C, and D are the polynomial coefficients and the subscripts c and dv denote 

conductivity and dynamic viscosity respectively. Each coefficient is defined from two con-

stant values, the first is valid for temperatures equal or lower than 1000 [K] and the second 

for temperatures greater than 1000 [K]. These polynomials provide the k and μ in [W/cm/K 

x 10-6] and [g/cm/s x 10-6] units. Thus the extracted values of k and μ are multiplied with 10-

4 and 10-7 correspondingly in order to convert them into [W/m/K] and [Pa s] respectively. 

The k and μ of the mixture are calculated using the Eq. (2.39) and (2.40) [222,223] described 

in section 3.4.7. The values of the polynomials coefficients, for each one of the species con-

sidered, are demonstrated in the following tables for both temperature cases, less or equal 

than 1000 [K] and greater than 1000 [K]: 

  NASA Coefficients for conductivity (k) polynomial 

  T ≤ 1000K 

species O2 N2 CO2 H2O Ar SO2 

MW [kg/kmol] 31.99880 28.01340 44.00950 18.01528 39.94810 64.06440 

C
o

ef
fi

ci
en

ts
 

Ac 0.77238828 0.85372829 0.51435424 1.13229910 0.60968928 0.61476551 

Bc 6.9293259 105.1866500 -474.4462600 -512.1386700 -70.8922490 -564.0929500 

Cc -5900.85180 -12299.75300 31295.93000 99913.49800 584.20624 49580.78700 

Dc 1.22029650 0.48299104 3.41287390 -0.52900911 1.93371520 2.39400640 

  T > 1000K 

C
o

ef
fi

ci
en

ts
 

Ac 0.90875998 0.88506520 0.67510355 0.50036257 0.69075463 0.53617558 

Bc 289.86028 134.69656 -112.83945 -1719.42890 62.67606 -694.13085 

Cc -79180.433 -11386.420 -69132.618 387590.610 -25667.413 75304.908 

Dc 0.068622859 0.236100080 2.041278700 4.755867000 1.266418900 3.041200200 

 

  NASA Coefficients for dynamic viscosity (μ) polynomial 

  T ≤ 1000K 

species O2 N2 CO2 H2O Ar SO2 

MW [kg/kmol] 31.99880 28.01340 44.00950 18.01528 39.94810 64.06440 

C
o

ef
fi

ci
en

ts
 

Adv 0.6091618 0.62526577 0.51137258 0.49966928 0.61205763 0.53157084 

Bdv -52.244847 -31.779652 -229.51321 -697.84297 -67.714354 -295.89873 

Cdv -599.74009 -1640.7983 13710.678 88274.722 190.4066 21224.84 

Ddv 2.0410801 1.7454992 2.7075538 3.0878979 2.1588272 2.5975549 

  T > 1000K 

C
o

ef
fi

ci
en

ts
 

Adv 0.72216486 0.87395209 0.63978285 0.5896333 0.69357334 0.60783098 

Bdv 175.50839 561.52222 -42.637076 -538.75152 70.953943 -192.83581 

Cdv -57974.816 -173948.09 -15522.605 54745.23 -28386.007 7823.2002 

Ddv 1.0901044 -0.39335958 1.6628843 2.3409644 1.4856447 1.9811072 
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f. Finite Differences for the Calculation of Pressure 

Derivatives 

The second (
𝑑2𝑝

𝑑𝜃2
) and fourth (

𝑑4𝑝

𝑑𝜃4
) derivatives of the pressure with respect to θ 

are demonstrated at next. These derivatives schemes were used in the determination of the 

start of combustion (SOC). The following equations are implemented when the measuring 

sampling rate is constant. Namely the crank angle intervals determined from two consecutive 

measurements of pressure are constant (equidistance) throughout the cycle. 

(
𝑑2𝑝

𝑑𝜃2
)
𝑖

=
−𝑝𝑖+2 + 16 ∙ 𝑝𝑖+1 − 30 ∙ 𝑝𝑖 + 16 ∙ 𝑝𝑖−1 − 𝑝𝑖−2

12 ∙ (∆𝜃)2
 

(
𝑑4𝑝

𝑑𝜃4
)
𝑖

=
𝑝𝑖+2 − 4 ∙ 𝑝𝑖+1 + 6 ∙ 𝑝𝑖 − 4 ∙ 𝑝𝑖−1 + 𝑝𝑖−2

(∆𝜃)4
 

In the previous expressions p [Pa] is pressure, θ [°] is the crank angle and subscript i denotes 

the current calculation step. (
𝑑2𝑝

𝑑𝜃2
) is calculated using fourth order accuracy central finite 

differences and (
𝑑4𝑝

𝑑𝜃4
) is calculated using second order accuracy central finite differences. 

For (
𝑑4𝑝

𝑑𝜃4
), second order accuracy was used in order to shorten the calculation time but also 

for practical reasons, namely less pressure values are required (5 instead of 7) and the num-

ber of required pressure values is equal to the one required for (
𝑑2𝑝

𝑑𝜃2
) calculation. The first 

derivative of the pressure was directly calculated during the pressure trace smoothing pro-

cedure using Savitzky–Golay filter as described in section 3.2.3. 

g. Modified False Position Method for Root Finding  

The modified false position method is based on false position method but elimi-

nates the undesirable feature of the one–sited approach [227]. This method, is essentially a 

linear interpolation method where the values that define the interval that the root lies in, vary 

at each iteration step according to the sign of the root estimation of the previous step, until 

final convergence. This method was used to calculate coefficient “α” used in the Annand 

correlation for the calculation of heat exchange with the wall (see section 3.4.7) and to find 

the optimum  values which were utilized in the statistical procedure for the determination 

of the empirical correlation for the calculation of zone * (see section 3.5.8). At next the 

flow–chart of the aforementioned method is demonstrated. Referring to the flow–chart, x0 is 

the sought root, namely the value which zeros y (y0=f(x0)=0), f is a function of the independ-

ent variable x, a and b are the left and right initial limits where the x0 lies in, determined by 

the user. It is emphasized that the success of this method depends from the appropriate de-

termination of the initial values of a and b. Ideally, these values should enclose x0, namely 

y(a)·y(b)<0, however the last is not imperative. 

For the calculation of heat exchange coefficient “α” (x=α) the function f corre-

sponds to the difference between the measured fuel amount and the fuel amount provided by 

the heat release sub–model (presented in section 3.4) which uses as an input the examined 
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coefficient α (see also section 3.4.7). When this function becomes approximately zero, then 

the correct coefficient α is obtained. 

For the calculation of the actual * (x=*) value (see also section 3.5.8) ) the 

function f corresponds to the difference between the measured NOx and calculated NOx using 

the NOx sub–model (presented in section 3.5) which uses as an input the examined * (see 

also section 3.5.8). When this function becomes approximately zero, then the actual * 

where the calculated NOx is very close to measured one, is obtained. 

  

Flow–chart of the modified false position method for root finding. 
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ΠΕΡΙΛΗΨΗ 

Ο σκοπός της παρούσας διδακτορικής διατριβής είναι η ανάπτυξη και αξιολό-

γηση ενός απλού, ημιεμπειρικού, πολυζωνικού, θερμοδυναμικού μοντέλου για την πρό-

βλεψη των εκπομπών του οξειδίου του αζώτου (NOx), καθώς και του ιστορικού του σχημα-

τισμού τους μέσα στον θάλαμο καύσης, κατά τη διάρκεια του κλειστού κύκλου λειτουργίας 

των κινητήρων Diesel άμεσου ψεκασμού (DI). 

Το κίνητρο για αυτή την εργασία είναι οι απαιτήσεις της βιομηχανίας κατασκευής 

και χρήσης κινητήρων εσωτερικής καύσης, για τον έλεγχο των εκπομπών ρύπων. Αυτή η 

ανάγκη προέκυψε λόγω των αυστηρών νομοθετικών πλαισίων που υιοθετήθηκαν από τις 

κυβερνήσεις παγκοσμίως. Ο τομέας των κινητήρων DI Diesel επηρεάζεται σημαντικά από 

αυτές τις νομοθεσίες επειδή χρησιμοποιείται ευρέως στις θαλάσσιες και επίγειες μεταφορές, 

σε εφαρμογές βαρέος τύπου στη βιομηχανία, στην παραγωγή ηλεκτρικής ενέργειας σε απο-

μακρυσμένες/απομονωμένες περιοχές και σε επιβατικά οχήματα. Ειδικότερα για τα επιβα-

τικά οχήματα, οι κινητήρες Diesel κερδίζουν σημαντικό έδαφος στην αγορά έναντι των βεν-

ζινοκινητήρων τα τελευταία χρόνια. Επίσης, ένας από τους πιο σημαντικούς ρύπους που 

δύναται να περιοριστεί σε αυτούς τους τομείς, είναι τα οξείδια του αζώτου (NOx). Για αυ-

τούς τους λόγους, στην εργασία αυτή, ο συγγραφέας εστιάζει στο πεδίο του ελέγχου των 

NOx σε κινητήρες DI Diesel στοχεύοντας στην ανάπτυξη λογισμικού το οποίο θα μπορεί να 

συνεισφέρει στην έρευνα και εφαρμογή των τεχνολογιών για τη μείωση των εκπεμπόμενων 

NOx. 

Έτσι, σε αυτή την εργασία, αναπτύχθηκε και αξιολογήθηκε ένα νέο μοντέλο ε-

κτίμησης των εκπομπών NOx από τους κινητήρες DI Diesel. Το προτεινόμενο μοντέλο χρη-

σιμοποιεί τα γεωμετρικά χαρακτηριστικά, το μετρημένο δυναμοδεικτικό διάγραμμα και βα-

σικές λειτουργικές παραμέτρους του κινητήρα. Αρχικά αξιοποιεί το δυναμοδεικτικό διά-

γραμμα για την εκτίμηση του ρυθμού καύσης του καυσίμου. Από αυτό, δημιουργείται μια 

χρονική κατανομή του καιόμενου καυσίμου στον κλειστό κύκλο λειτουργίας. Στη συνέχεια, 

τα στοιχειώδη ποσά καυσίμου που έχουν καεί διαδοχικά σε κάθε χρονική στιγμή αποδίδο-

νται σε αυτόνομες ζώνες ακολουθώντας μια πολυζωνική προσέγγιση. Το ποσό της απαιτού-

μενης άκαυστης γόμωσης που εισέρχεται σε κάθε ζώνη, για να πραγματοποιηθεί η καύση, 

καθορίζεται από τον λόγο ισοδυναμίας καυσίμου/αέρα της ζώνης. Αυτή η παράμετρος υπο-

λογίζεται με μια εμπειρική σχέση, η οποία εξάχθηκε στα πλαίσια αυτής της εργασίας, και 

λαμβάνεται ως σταθερή για όλες τις ζώνες. Αυτή η σχέση εμπλέκει λειτουργικές παραμέ-

τρους του κινητήρα και στοιχεία που προκύπτουν από την ανάλυση των αντίστοιχων δια-

γραμμάτων πίεσης και ρυθμού έκλυσης θερμότητας. Κάθε ζώνη, μετά τον σχηματισμό της, 

συμπεριφέρεται ως κλειστό θερμοδυναμικό σύστημα και εξελίσσεται μέσα στο θάλαμο καύ-

σης έχοντας το δικό της ιστορικό χημικής σύστασης, θερμοκρασίας και όγκου ενώ η πίεση 

αντιστοιχεί σε αυτήν του κυλίνδρου την τρέχουσα χρονική στιγμή. Το ποσό των NOx που 

σχηματίζεται σε κάθε ζώνη, υπολογίζεται χρησιμοποιώντας τον μηχανισμό Extended 

Zeldovich. Το σύνολο των εκπομπών NOx στην εξαγωγή του κινητήρα υπολογίζεται από το 

άθροισμα των NOx της κάθε ζώνης όταν ανοίγει η βαλβίδα εξαγωγής. Σύμφωνα με αυτό το 
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σενάριο, το μοντέλο μπορεί επίσης να παρέχει το ιστορικό του σχηματισμού των NOx (της 

κάθε ζώνης και συνολικά) μέσα στον θάλαμο καύσης. 

Το προτεινόμενο μοντέλο έχει επικυρωθεί και αξιολογηθεί σε διάφορους τύπους 

υπερπληρωμένων κινητήρων DI Diesel όπως δίχρονων κινητήρων μεγάλης κλίμακας που 

χρησιμοποιούνται στην πρόωση πλοίων και στην παραγωγή ηλεκτρικής ενέργειας,  τετρά-

χρονων κινητήρων μεγάλης κλίμακας που χρησιμοποιούνται στα πλοία για ηλεκτροδότηση 

και σε σταθμούς παραγωγής ισχύος και τετράχρονων κινητήρων οχημάτων βαρέος και ελα-

φρού τύπου, αξιοποιώντας ένα σύνολο 221 μετρημένων περιπτώσεων λειτουργίας. Αυτές, 

αντιστοιχούν σε διάφορα σημεία λειτουργίας που καθορίζονται από διαφορετικές παραμέ-

τρους και ρυθμίσεις του κινητήρα. Έτσι, μπορεί να εξεταστεί η ικανότητα του μοντέλου να 

προβλέπει τις απόλυτες τιμές των NOx, για κάθε εξεταζόμενη περίπτωση και να ακολουθεί 

την επίδραση της μεταβολής αυτών των παραμέτρων στο σχηματισμό των NOx. Οι παράμε-

τροι που εξετάζονται είναι οι ακόλουθες: ισχύς και ταχύτητα του κινητήρα, είδος καυσίμου, 

χρονισμός και πίεση έγχυσης, ποσοστό ανακυκλοφορίας καυσαερίου (EGR) και πίεση αέρα 

σάρωσης. 

Όπως αποκαλύπτεται από την εφαρμογή του μοντέλου σε ένα εκτεταμένο εύρος 

τύπων μηχανών και σημείων λειτουργίας, το μοντέλο είναι ικανό να προβλέψει τις εκπομπές 

NOx με ικανοποιητική ακρίβεια, για την πλειονότητα των περιπτώσεων που εξετάστηκαν. 

Σημαντικότερο είναι το ότι μπορεί να προβλέψει την τάση μεταβολής των NOx με την με-

ταβολή διάφορων παραμέτρων του κινητήρα. Αυτό, κατορθώνεται για διαφορετικούς τύ-

πους κινητήρων χωρίς ιδιαίτερη δυσκολία στη βαθμονόμηση, αφού χρησιμοποιείται μόνο 

ένας απλός πολλαπλασιαστής για κάθε κινητήρα, για τη διόρθωση των αποτελεσμάτων που 

εξαγάγει το μοντέλο. Ακόμα ένα σημαντικό πλεονέκτημα του προτεινόμενου μοντέλου είναι 

το χαμηλό υπολογιστικό του κόστος. Τα προαναφερθέντα, δίνουν μια ενθαρρυντική ένδειξη 

για χρήση του μοντέλου στην έρευνα, ανάπτυξη και βελτιστοποίηση των κινητήρων DI 

Diesel στο πεδίο της μείωσης των NOx, ελέγχου των NOx σε πραγματικό χρόνο, συνεχούς 

παρακολούθησης των εκπεμπόμενων NOx, κ.λπ. Στη συνέχεια παρουσιάζεται η εκτεταμένη 

περίληψη του κάθε κεφαλαίου. 
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ΕΚΤΕΤΑΜΕΝΗ ΠΕΡΙΛΗΨΗ 

Κεφάλαιο 1 ΕΙΣΑΓΩΓΗ 

Κινητήρες Diesel 

Το πρώτο κεφάλαιο της διατριβής ξεκινά με μια σύντομη ιστορική περιγραφή 

των κινητήρων Diesel τονίζοντας τα πλεονεκτήματά τους τα οποία είναι τα ακόλουθα: υψη-

λός βαθμός απόδοσης (μέχρι και 55%), υψηλή ανθεκτικότητα, αξιοπιστία,  ευελιξία, ροπή 

στον άξονα, μεγάλη διάρκεια ζωής, δυνατότητα χρήσης διάφορων χαμηλού κόστους καυσί-

μων, κ.λπ. Λόγω αυτών, οι κινητήρες αυτοί χρησιμοποιούνται ευρέως στον τομέα των με-

ταφορών (δηλ. επιβατικά και φορτηγά οχήματα, τρένα, πλοία, κ.λπ.), στη βαριά βιομηχανία 

(εργοστάσια, λατομεία, ορυχεία, κ.λπ.) και στην ηλεκτροπαραγωγή (απομακρυσμένες/απο-

μονωμένες περιοχές, μηχανές έκτακτης ανάγκης). Ενδεικτικά αναφέρεται ότι ποσοστό άνω 

του 95% των κινητήρων στην ναυτιλία είναι Diesel [6,7]. 

Ωστόσο ο κινητήρας Diesel παραμένει σημαντικός ρυπαντής, ειδικότερα όσο α-

φορά τις εκπομπές NOx και σωματιδίων (PM). Για να ξεπεραστεί αυτό το μειονέκτημα, οι 

ερευνητές και οι μηχανικοί εργάζονται εντατικά στην βελτιστοποίηση των διαδικασιών της 

καύσης, με σκοπό την αύξηση της απόδοσης του κινητήρα και μείωσης των εκπεμπόμενων 

ρύπων, έτσι ώστε να μπορούν να ανταποκριθούν στη συνεχή αυστηροποίηση των κανονι-

σμών για περιορισμό των ρύπων (EURO V/VI (EU), Stage III/IV (EU), TIER II/III (IMO), 

κ.λπ.). 

Στη συνέχεια του κεφαλαίου αυτού, περιγράφονται οι διαδικασίες που εξελίσσο-

νται στον θάλαμο καύσης από την έναρξη της έγχυσης του καυσίμου μέχρι το τέλος της 

καύσης και οι αιτίες σχηματισμού των NOx. 

Θερμοδυναμικές Διαδικασίες, Καύση και Σχηματισμός NOx 

στους Κινητήρες Diesel 

Οι επικρατούντες τύποι κινητήρων Diesel που χρησιμοποιούνται σήμερα είναι οι 

δίχρονοι και οι τετράχρονοι. Οι δίχρονοι χρησιμοποιούνται σε μεγάλης κλίμακας εφαρμογές 

(πλοία, σταθμοί παραγωγής ενέργειας) ενώ οι τετράχρονοι χρησιμοποιούνται στην αυτοκι-

νητοβιομηχανία, στη βαριά βιομηχανία, στα τρένα και σε μικρότερες εφαρμογές ηλεκτρο-

παραγωγής. Η ουσιαστική διαφορά στον θερμοδυναμικό κύκλο των τύπων αυτών έγκειται 

στις φάσεις της εισαγωγής του αέρα και της εξαγωγής του καυσαερίου, δηλαδή της διαδι-

κασίας σάρωσης/εναλλαγής αερίων, η οποία καθορίζει τη μάζα και τη σύσταση της παγι-

δευμένης γόμωσης. Ωστόσο, οι διαδικασίες που διαδραματίζονται κατά τη διάρκεια του 

κλειστού κύκλου είναι πανομοιότυπες. 
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Για τους κινητήρες Diesel, η διαδικασία της έγχυσης καυσίμου είναι καθοριστι-

κής σημασίας διότι οδηγεί την εξέλιξη της καύσης μέσα στον θάλαμο καύσης, η οποία επη-

ρεάζει τον σχηματισμό ρύπων και τις επιδόσεις του κινητήρα. Το ανυψωμένης πίεσης, από 

την αντλία καυσίμου, υγρό καύσιμο εγχέεται στον θάλαμο καύσης μέσω ειδικού εγχυτήρα 

σε μορφή δέσμης μικρών σταγονιδίων όπως φαίνεται στο Σχ. 1.1. Εισχωρεί μέσα στο θά-

λαμο καύσης, ατμοποιείται και αναμειγνύεται με τη γόμωση του κυλίνδρου, μέρος της ο-

ποίας εισροφάται στη δέσμη καυσίμου, ωθούμενο από την ορμή της δέσμης και την κί-

νηση/ροή της γόμωσης. Στη συνέχεια, όταν οι συνθήκες γίνουν κατάλληλες το καύσιμο α-

ντιδρά με τον οξειδωτή (O2) ακολουθώντας πολύ πολύπλοκους μηχανισμούς διασπώμενων 

διακλαδώσεων αλυσίδας [11] οι οποίοι προκαλούν την αυτανάφλεξη του καυσίμου. Η χρο-

νική περίοδος μεταξύ της έναρξης της έγχυσης (SOI) και της καύσης (SOC) καλείται καθυ-

στέρηση ανάφλεξης. 

 

Σχήμα 1.1: Σχηματική περιγραφή των φυσικών διεργασιών που λαμβάνουν χώρα στο θάλαμο καύσης κατά 

την έγχυση πριν την ανάφλεξη [12]. 

Στους κινητήρες DI Diesel η καύση εξελίσσεται ταυτόχρονα με την διείσδυση 

της δέσμης καυσίμου και σχηματισμού του μείγματος. Μόνο ένα μικρό ποσοστό του καυ-

σίμου σχηματίζει ομοιογενές μείγμα με τον αέρα κατά τη διάρκεια της καθυστέρησης ανά-

φλεξης. Αυτό, μετά την ανάφλεξη, καίγεται σχεδόν αμέσως (προαναμεμειγμένη καύση). 

Στη συνέχεια, ο σχηματισμός του αναφλέξιμου μείγματος και η καύση εξελίσσονται ταυτό-

χρονα. Έτσι η καύση ελέγχεται από τη διαδικασία του σχηματισμού του μείγματος (καύση 

διάχυσης) [13]. Λόγω της βαθμιαίας προετοιμασίας του αναφλέξιμου μείγματος παράλληλα 

με την καύση, η διαδικασία αυτή χαρακτηρίζεται από έντονη ανομοιογένεια (θερμοκρασίας 

και σύστασης). Οι κινητήρες Diesel γενικά λειτουργούν με φτωχά σε καύσιμο μείγματα, 

ωστόσο η άμεση έγχυση καυσίμου οδηγεί σε δημιουργία περιοχών μείγματος από πολύ 

πλούσιες σε πολύ φτωχές. Μια ενδεικτική απεικόνιση της στρωμάτωσης του μείγματος  στη 

δέσμη καυσίμου παρουσιάζεται στο Σχ. 1.2 [15] με σκοπό την κατανόηση των διεργασιών 
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που συμβαίνουν κατά την καύση στους κινητήρες αυτούς. Η στρωμάτωση αυτή οδηγεί α-

ναπόφευκτα στο σχηματισμό ρυπαντών και ειδικότερα αιθάλης και NOx [13] όπως φαίνεται 

στο Σχ. 1.2. 

 

Σχήμα 1.2: Μοντέλο καύσης για κινητήρες Diesel σύμφωνα με τον Dec [15]. 

Η διαδικασία της καύσης στους κινητήρες Diesel, διαιρείται σε τέσσερα στάδια: 

την καθυστέρηση ανάφλεξης, την προαναμεμειγμένη καύση, την καύση διάχυσης και την 

τελική φάση της καύσης ελεγχόμενη από τις χημικές αντιδράσεις [8,13,14]. Ενδεικτικά, στο 

Σχ. 1.3, απεικονίζεται το διάγραμμα ρυθμού έκλυσης θερμότητας (HRR) και οι διάφορες 

φάσεις της καύσης, μαζί με το δυναμοδεικτικό διάγραμμα και τη μέση θερμοκρασία του 

κυλίνδρου κατά την καύση για τον κινητήρα ενός επιβατικού οχήματος: 

  

Σχήμα 1.3: Διάγραμμα HRR και οι φάσεις της καύσης μαζί 

με το δυναμοδεικτικό διάγραμμα και το διάγραμμα μέσης 

θερμοκρασίας για κινητήρα Diesel επιβατικού οχήματος. 

Οι πιο σημαντικοί ρύποι που σχηματίζονται στους κινητήρες Diesel είναι τα NOx 

και η αιθάλη [8,14,18]. Στην παρούσα εργασία εξετάζονται μόνο οι εκπομπές NOx. Τα NOx 

είναι χημικές ενώσεις του αζώτου (N) και του οξυγόνου (O). Ωστόσο, οι πιο σημαντικοί 

τύποι NOx που σχηματίζονται στο θάλαμο καύσης είναι το μονοξείδιο του αζώτου (NO), το 

νιτρώδες οξείδιο (N2O) και το διοξείδιο του αζώτου (NO2). 
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Το μονοξείδιο του αζώτου (NO) αποτελεί το μεγαλύτερο ποσοστό των NOx, συ-

νήθως περισσότερο του 90%. Ωστόσο, για τη λειτουργία του κινητήρα σε πολύ χαμηλά 

φορτία, όπου υπάρχει μεγάλη διαθεσιμότητα αέρα, ο σχηματισμός των NO2 μπορεί να φτά-

σει μέχρι 10 – 30% [8]. Ωστόσο, στα μεσαία και υψηλά φορτία και κατά την μεταβατική 

λειτουργία, οι ποσότητες N2O, NO2 και άλλων NOx πλην των NO, είναι αμελητέες 

[8,23,24,25]. 

Ο σχηματισμός των NOx στον θάλαμο καύσης των κινητήρων Diesel χαρακτηρί-

ζεται από υψηλή πολυπλοκότητα. Ωστόσο, διάφοροι απλοί μηχανισμοί έχουν προταθεί για 

την μοντελοποίησή του.  Οι πιο ευρέως αναγνωριζόμενοι και χρησιμοποιούμενοι μηχανι-

σμοί είναι οι ακόλουθοι: 

1. Σχηματισμός θερμικών NOx. 

2. Σχηματισμός NOx από τα ενδιάμεσα N2O. 

3. Σχηματισμός άμεσων NOx. 

4. Σχηματισμός NOx από το καύσιμο. 

Ο κυρίαρχος από αυτούς τους μηχανισμούς είναι αυτός των θερμικών NOx. Οι 

άλλοι μηχανισμοί έχουν μικρότερη συνεισφορά. Τα θερμικά NOx σχηματίζονται στο μέτωπο 

της φλόγας αλλά και στα πολύ θερμά καυσαέρια που προκύπτουν μετά την καύση [8,27]. Ο 

μηχανισμός αυτός, καθορίζεται από χημικές αντιδράσεις, ισχυρά εξαρτώμενες από τη θερ-

μοκρασία. Καλείται μηχανισμός Extended Zeldovich και περιγράφεται από τις Εξ. (1.1) – 

(1.3): 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁 (1.1) 

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 (1.2) 

𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻 (1.3) 

Ο μηχανισμός αυτός ελέγχεται από χημική κινητική και εξαρτάται σημαντικά από 

τις τοπικές συγκεντρώσεις N2 και ειδικότερα O2, την τοπική θερμοκρασία και τον χρόνο 

παραμονής σε υψηλές θερμοκρασίες, δηλ. άνω των 1800 K όπου είναι εντονότερος ο σχη-

ματισμός NOx. Όταν οι θερμοκρασίες στον κύλινδρο αρχίζουν να πέφτουν, π.χ. κατά τη 

φάση της εκτόνωσης, ο σχηματισμός των NOx μειώνεται και έτσι η συγκέντρωσή τους στον 

κύλινδρο «παγώνει». 

Δυσμενείς Συνέπειες από τις Εκπομπές NOx 

Στη συνέχεια παρουσιάζονται οι δυσμενείς συνέπειες από τη ρύπανση λόγω των 

NOx στην ανθρώπινη υγεία και το περιβάλλον [40,41]. Αυτές οι συνέπειες ώθησαν τις κυ-

βερνήσεις παγκοσμίως να αυστηροποιήσουν τα όρια εκπομπών ρύπων από τους κινητήρες. 

Οι σημαντικότερες από τις συνέπειες αυτές παρατίθενται πιο κάτω [43,44,45]: 

1. Μείωση της λειτουργίας των πνευμόνων με αποτέλεσμα τη δυσκολία στην ανα-

πνοή και άλλα συμπτώματα. 

2. Συμπτώματα στο αναπνευστικό σύστημα, όπως βρογχίτιδα, επιδεινούμενος βή-

χας και πόνοι στο στήθος. 
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3. Αυξημένης συχνότητας και σοβαρότητας περιστατικά του αναπνευστικού συστή-

ματος, όπως επιδείνωση άσθματος και ευαισθησία στις αναπνευστικές λοιμώξεις, 

που έχουν ως αποτέλεσμα αυξημένες εισαγωγές στα νοσοκομεία και τις πρώτες 

βοήθειες. 

4. Χρόνιες φλεγμονές και μη ανατρέψιμες δομικές αλλαγές στους πνεύμονες, όπου 

η επαναλαμβανόμενη έκθεση, μπορεί να οδηγήσει σε πρόωρη γήρανσή τους κα-

θώς και άλλες πνευμονολογικές ασθένειες όπως οίδημα στους πνεύμονες και  

πνευμονικό εμφύσημα. 

5. Ερεθισμός του αναπνευστικού συστήματος, των ματιών και του δέρματος, πονο-

κέφαλοι, απώλεια όρεξης, διάβρωση των δοντιών, ναυτία, σοβαρή καθυστέρηση 

ανάπτυξης των παιδιών, ακόμα και καρκίνο. 

6. Αύξηση της οξύτητας του επιφανειακού νερού και συνεπώς μείωση της βιοποι-

κιλότητας και εξόντωση των ψαριών.  

7. Καταστροφή των δασών μέσω των άμεσης επίδρασης στα των φυτών και της  

αύξησης της οξύτητας του εδάφους.  

8. Καταστροφή των δασικών οικοσυστημάτων, δέντρων, καλλωπιστικών φυτών και 

των καλλιεργειών λόγω του σχηματισμού τοξικού νέφους. 

9. Συνεισφορά στον παράκτιο ευτροφισμό, σκοτώνοντας ψάρια και οστρακοειδή.  

10. Συνεισφορά στη μειωμένη ορατότητα (περιφερειακή ομίχλη) και ειδικά σε πολυ-

σύχναστες πόλεις με μεγάλη κυκλοφορία, όπου η ατμόσφαιρα γίνεται αποπνι-

κτική.  

11. Επιτάχυνση της φθοράς των μνημείων, κτιρίων, και άλλων πέτρινων και μεταλ-

λικών κατασκευών. 

Όρια για τις εκπομπές NOx 

Ακολουθεί η παρουσίαση των ορίων για τις εκπομπές NOx που έχουν υιοθετηθεί 

από πολλά κράτη. Επίσης παρουσιάζεται το ποσοστό μείωσής τους από τα προηγούμενα 

στα σημερινά ή από τα σημερινά στα μελλοντικά όρια. 

Για τους κινητήρες που είναι εγκατεστημένοι σε σκάφη, ισχύος άνω των 130 kW, 

ο International Maritime Organization (IMO) έχει θέσει αυστηρά όρια για τις εκπομπές NOx 

(regulation 13, Annex VI), τα οποία παρουσιάζονται στον Πίνακα 1.1 [46,47]: 

Σειρά 

Ημ/νία κατασκευής 

του πλοίου, πριν ή 

μετά την 

Όρια για τις συνολικές εκπομπές από τον 

σταθμισμένο  κύκλο [g/kWh] 

n: ονομαστική ταχύτητα του κινητήρα [rpm] 

𝑛 < 130 130 ≤ 𝑛 ≤ 1999 𝑛 ≥ 2000 

I 1 Ιανουαρίου 2000 17.0 45 ∙ 𝑛−0.2 9.8 

II 1 Ιανουαρίου 2011 14.4 44 ∙ 𝑛−0.23 7.7 

III 1 Ιανουαρίου 2016* 3.4 9 ∙ 𝑛−0.2 2.2 

Μείωση από  

σειρά II σε III [%] 
76 ~80 71 

* Θέμα για τεχνική επισκόπηση, αυτή η ημ/νία μπορεί να καθυστερήσει, κανον. 13.10. 

Πίνακας 1.1: Σειρά I, II and III: όρια NOx για μηχανές σκαφών ισχύος άνω των 130 kW. 
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Τα όρια για τις εκπομπές NOx που έχει θέσει η ευρωπαϊκή ένωση (EU) για διά-

φορους κινητήρες Diesel, που αντιστοιχούν στις πιο πρόσφατες οδηγίες (EURO IV–VI, 

Stage II–IV (2002/80/EC, 715/2007, 2005/55/EC, 595/2009, 2002/88/EC, 2010/26/EU, 

2010/22/EU), κ.λπ.) [48], παρουσιάζονται στον Πίνακα 1.2 [49]. 

Τύπος Κινητήρα 

EURO IV EURO V EURO VI Μείωση ορίων από 

EURO IV σε VI 2005 2009 2014 

NOx [g/km] NOx [g/km] NOx [g/km] [%] 

Επιβατικά οχήματα Diesel 0.25 0.18 0.08 68 

Ελαφρά εμπορικά οχήματα 

Diesel (<1305 kg) 
0.25 0.18 0.08 68 

Ελαφρά εμπορικά οχήματα 

Diesel (1305–1760 kg) 
0.33 0.235 0.105 68 

Ελαφρά εμπορικά οχήματα 

Diesel (1760–3500 kg) 
0.39 0.28 0.125 68 

Ελαφρά εμπορικά οχήματα 

Diesel (3.5–12 tonnes) 
- 0.28 0.125 - 

 2005 2008 2013  

 
NOx 

[g/kWh] 

NOx 

[g/kWh] 

NOx 

[g/kWh] 
[%] 

Βαρέος τύπου κινητήρες 

Diesel 
3.5 2.0 0.4 89 

 Stage II Stage III B Stage IV Μείωση ορίων από 

Stage II σε IV  2001/2/3/4 2011/12/13 2014 

 
NOx 

[g/kWh] 

NOx 

[g/kWh] 

NOx 

[g/kWh] 
[%] 

Μη οδικοί κινητήρες Diesel  

(130 ≤ P ≤ 560) 
6 2.0 0.4 93 

Μη οδικοί κινητήρες Diesel  

(75 ≤ P < 130) 
6 3.3 0.4 93 

Μη οδικοί κινητήρες Diesel  

(37 ≤ P < 75) 
7 3.3 0.4 94 

Μη οδικοί κινητήρες Diesel  

(18 ≤ P < 37) 
8 4.7(incl. HC) - - 

Πίνακας 1.2: Όρια εκπομπών NOx κινητήρων Diesel στην Ευρωπαϊκή Ένωση. 
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Στη συνέχεια παρουσιάζονται στον Πίνακα 1.3 τα τρέχοντα/μελλοντικά και τα 

προηγούμενα όρια τα οποία έχουν οριστεί από το Environmental Protection Agency (EPA) 

των Ηνωμένων Πολιτειών [50]. 

Τύπος Κινητήρα 
Προηγούμενα 

Τρέχοντα και 

μελλοντικά 

Ποσοστό 

μείωσης 

[%] NOx [g/kWh] Year NOx [g/kWh] 

Οδικοί, βαρέος τύπου κινητήρες 

Diesel και κινητήρες αστικών λεωφο-

ρείων 

2.98 2007+ 0.15 95 

Μη οδικοί κινητήρες Diesel: 

P≥560kW 
9.20 2015+ 3.50 62 

Μη οδικοί κινητήρες Diesel: 

P<560kW 
9.20 2015+ 0.40 96 

Μη οδικοί κινητήρες Diesel: 

P≥560kW (για ηλεκτροπαραγωγά 

ζεύγη) 

9.20 2011+ 0.67 93 

Κινητήρες τρένων (Line haul) 4.10 2015+ 0.97 76 

Κινητήρες τρένων (Switch) 3.73 2015+ 0.97 74 

Πίνακας 1.3: Προηγούμενα και τρέχοντα/μελλοντικά όρια εκπομπών NOx για κινητήρες Diesel στις 

Ηνωμένες Πολιτείες. 

Από τους πιο πάνω πίνακες, φαίνεται καθαρά το μεγάλο ποσοστό της μείωσης 

των ορίων για τις εκπομπές NOx που φθάνει μέχρι και 96%. Οι περισσότερες ανεπτυγμένες 

χώρες έχουν ενσωματώσει τα όρια αυτά στις αντίστοιχες νομοθεσίες τους ή έχουν ορίσει 

παρόμοιους κανονισμούς. 

Τεχνικές Λύσεις για την μείωση των NOx 

Για την επίτευξη αυτών των ορίων έχουν προταθεί πολλές τεχνολογίες οι οποίες 

ήδη εφαρμόζονται ή είναι σε κάποιο στάδιο ανάπτυξης. Οι τεχνολογίες αυτές χωρίζονται 

στις πρωτογενείς και τις δευτερογενείς. Οι δευτερογενείς τεχνολογίες είναι αυτές που πε-

ριορίζουν τα NOx των καυσαερίων, μετά την εξαγωγή του κυλίνδρου. Οι πιο γνωστές είναι 

η selective catalytic reduction (SCR) και η lean NOx trap (LNT). Οι πρωτογενείς τεχνολο-

γίες/μέθοδοι σκοπεύουν στον έλεγχο των NOx μέσα στο θάλαμο καύσης, δηλαδή ελέγχοντας 

το σχηματισμό τους. Οι πιο σημαντικές από αυτές τις τεχνολογίες/μεθόδους είναι: Τροπο-

ποίηση της στρατηγικής έγχυσης του καυσίμου, τροποποίηση του χρονισμού και ανύψωσης 

των βαλβίδων, βελτιστοποίηση του σχεδιασμού των ακόλουθων: εγχυτήρων, βαλβίδων και 

του θαλάμου καύσης, ανακυκλοφορία καυσαερίων (EGR), άμεση έγχυση νερού (DWI) στο 

θάλαμο καύσης, εσωτερικό EGR – υδρόψυκτο κατάλοιπο καυσαερίου (WaCoReG), ύ-

γρανση του αέρα σάρωσης, ανάμειξη νερού/καυσίμου, υιοθέτηση του σεναρίου υπερπλή-

ρωσης Miller και μείωση της θερμοκρασίας του αέρα σάρωσης (π.χ. με χρήση υπερπλήρω-

σης με ενδιάμεση ψύξη). 

Οι πρωτογενείς μέθοδοι, στις περιπτώσεις που μπορούν να εφαρμοστούν, υπερ-

τερούν των δευτερογενών, παρόλο που αυτές μπορούν να επιτύχουν μεγαλύτερα ποσοστά 
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μείωσης, γιατί δεν παρουσιάζουν το μειονέκτημα του υψηλού κόστους εγκατάστασης και 

λειτουργίας, του μεγάλου βάρους και του απαιτούμενου χώρου. Ωστόσο, η εφαρμογή τους 

απαιτεί εκτεταμένη πειραματική και υπολογιστική έρευνα. 

Λαμβάνοντας τα πιο πάνω υπόψη, οι εταιρίες που κατασκευάζουν ή χρησιμοποι-

ούν κινητήρες Diesel, αναζητούν αποδοτικές μεθόδους για τον έλεγχο των εκπομπών NOx 

ώστε να μπορέσουν να συμμορφωθούν με τους αυστηρούς κανονισμούς, αλλά χωρίς την 

επιδείνωση των επιδόσεων του κινητήρα,  προκειμένου να διατηρήσουν την θέση τους στις 

αγορές, να αυξήσουν την ανταγωνιστικότητά τους και να αποφύγουν πρόστιμα, κυρώσεις 

και περιορισμούς. 

Υπάρχουν πολλές λύσεις για να επιτευχθεί ένα ικανοποιητικό ισοζύγιο επιδό-

σεων/απόδοσης του κινητήρα και εκπεμπόμενων ρύπων, διατηρώντας τους ρύπους από τα 

καυσαέρια εντός των νομοθετικών ορίων. Αυτές οι λύσεις μπορεί να περιλαμβάνουν πρω-

τογενή ή δευτερογενή μέτρα ή ένα συνδυασμό και των δύο. Ωστόσο, η ανάπτυξη, η εξέλιξη 

και η εφαρμογή τους απαιτούν εκτεταμένη έρευνα. Παρόλα αυτά, οι πειραματικές μεθόδοι 

έρευνας είναι σε πολλές περιπτώσεις και ειδικά στους κινητήρες μεγάλης κλίμακας (λόγω 

του μεγέθους τους), πολύ δαπανηρές και χρονοβόρες. Συνεπώς, μπορούν να αξιοποιηθούν 

μοντέλα προσομοίωσης για να ενισχύσουν αυτή την έρευνα, παρέχοντας ταχύτατες και α-

ξιόπιστες προβλέψεις με χαμηλό κόστος για διάφορες συνθήκες λειτουργίας του κινητήρα. 

Έτσι, μοντέλα προσομοίωσης μπορούν να χρησιμοποιηθούν σε αυτό το πεδίο έρευνας, στην 

ανάπτυξη και σχεδιασμό πειραμάτων (DOE), φυσική ερμηνεία και άμεση εποπτεία των 

διεργασιών που διαδραματίζονται μέσα στον κύλινδρο, βελτιστοποίηση του σχεδιασμού 

σχετικών μηχανικών μερών του κινητήρα και των λειτουργικών του χαρακτηριστικών. Επι-

πλέον, μπορούν να χρησιμοποιηθούν στον έλεγχο πραγματικού χρόνου και κλειστού βρόχου 

καθώς επίσης και στη βελτιστοποίηση της λειτουργίας των πρωτογενών και δευτερογενών 

τεχνολογιών/μεθόδων για τον περιορισμό των εκπομπών ρύπων, παρακολούθηση και επι-

κύρωση/επαλήθευση, σε πραγματικό χρόνο (π.χ. εν–πλω), της απόδοσης και των εκπομπών 

του κινητήρα, συμπλήρωση πιστοποιητικών για τις εκπομπές ρύπων σύμφωνα με τη νομο-

θεσία, κ.λπ. 

Ο Ρόλος των Μοντέλων Προσομοίωσης στην Προσπάθεια 

περιορισμού των Εκπομπών NOx 

Πολλά μοντέλα προσομοίωσης έχουν προταθεί, τα οποία διαπραγματεύονται τις 

φυσικές και θερμοχημικές διεργασίες που λαμβάνουν χώρα μέσα στον κύλινδρο του κινη-

τήρα. Αυτά τα μοντέλα διακρίνονται σε δύο κύριες κατηγορίες: τα μηδενδιάστατα και πο-

λυδιάστατα. Τα μηδενδιάστατα μοντέλα χωρίζονται περαιτέρω σε καθαρά εμπειρικά, φαι-

νομενολογικά και θερμοδυναμικά. Ο συνδυασμός αυτών αντιστοιχεί στα ημιεμπειρικά μο-

ντέλα. Τα προηγούμενα μοντέλα μπορούν να διακριθούν σε μονοζωνικά (ομοιογενής γό-

μωση), διζωνικά (καμένη και άκαυτη ζώνη) και πολυζωνικά (περαιτέρω διακριτοποίηση της 

γόμωσης). Τα πολυδιάστατα μοντέλα, συνήθως αντιστοιχούν σε μοντέλα υπολογιστικής 

ρευστοδυναμικής (CFD) και σε τρισδιάστατα (3D) φαινομενολογικά μοντέλα δέσμης. 

Τα πιο επιτυχημένα από αυτά τα μοντέλα είναι τα πολυζωνικά, 3D, φαινομενο-

λογικά μοντέλα δέσμης και τα αντίστοιχα CFD συνδυασμένα με λεπτομερή σχήματα χημι-

κής κινητικής. Αυτά τα μοντέλα επιχειρούν να προσομοιώσουν τις πραγματικές διαδικασίες 
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που λαμβάνουν χώρα στο εσωτερικό του κυλίνδρου παρέχοντας λεπτομερείς πληροφορίες 

για τις συνθήκες μέσα στον κύλινδρο χωρικά και χρονικά. Παρά τα αξιόπιστα αποτελέσματα 

που μπορούν να εξαγάγουν, και οι δύο τύποι μοντέλων και ειδικά τα CFD έχουν σημαντικά 

αυξημένο υπολογιστικό κόστος που εξακολουθεί να είναι σημαντικό μειονέκτημα σε εφαρ-

μογές έρευνας αλλά και σε πρακτικές εφαρμογές. Επιπλέον, έχουν σχετικά υψηλή πολυπλο-

κότητα, ευαισθησία στις αρχικές ή συνοριακές συνθήκες και απαιτείται σημαντική προσπά-

θεια για τη βαθμονόμησή τους. Όλα αυτά περιορίζουν τη δυνατότητα χρήσης τους σε εφαρ-

μογές πραγματικού χρόνου ή άλλες πρακτικές εφαρμογές. Επίσης, αυτοί οι δύο τύποι μο-

ντέλων χρειάζονται ακριβή προφίλ εγχύσεως για την εξαγωγή αντιπροσωπευτικών αποτε-

λεσμάτων [95]. Αντίθετα, τα μηδενδιάστατα, μονοζωνικά μοντέλα [101,102,103,104] δεν 

παρουσιάζουν τέτοιο υπολογιστικό κόστος και πολυπλοκότητα, αλλά λόγω της μονοζωνι-

κής τους δομής παρέχουν μόνο τις μέσες συνθήκες του θαλάμου καύσης. Με αυτό τον τρόπο, 

η ανομοιογένεια της γόμωσης και συνεπώς η διάκριση σε περιοχές υψηλών θερμοκρασιών, 

που καθορίζουν τον τοπικό σχηματισμό των NOx, δεν μπορούν να ληφθούν υπόψη. Για να 

αντισταθμιστεί αυτή η αδυναμία, σε αυτά τα μοντέλα εισάγονται εμπειρικές σχέσεις, προ-

κειμένου να μπορέσουν να παρέχουν επαρκή αποτελέσματα. Για να ξεπεραστεί το θέμα της 

ομοιογένειας, πρέπει να χρησιμοποιηθούν μηδενδιάστατα, διζωνικά [105,106,107] ή πο-

λυζωνικά μοντέλα [108] – [117]. Εναλλακτικά, πλήρως εμπειρικά [118,119,120] ή ημιε-

μπειρικά μοντέλα [121] – [126] μπορούν να χρησιμοποιηθούν λόγω της απλής τους δομής 

και του χαμηλού τους υπολογιστικού κόστους. Εντούτοις, αυτά τα στατιστικά μοντέλα, α-

παιτούν εκτεταμένη βάση πειραματικών δεδομένων για την ορθή βαθμονόμησή τους, αλλά 

ακόμα και έτσι, βρίσκουν δυσκολίες στο να κάνουν προβλέψεις έξω από το εύρος στο οποίο 

βαθμονομήθηκαν, λόγω έλλειψης φυσικού υπόβαθρου. 

Προκειμένου να ενισχυθεί η προγνωστική ικανότητα των μοντέλων προσομοίω-

σης, συνιστάται η εισαγωγή, ως δεδομένα εισόδου, πραγματικών χαρακτηριστικών των 

διεργασιών που λαμβάνουν χώρα στο εσωτερικό του κυλίνδρου. Έτσι, πολλοί ερευνητές 

έχουν υιοθετήσει τη χρήση του μετρημένου δυναμοδεικτικού διαγράμματος, στο οποίο α-

ντανακλώνται άμεσα ή έμμεσα οι διαδικασίες στο εσωτερικό του κυλίνδρου που οδηγούν ή 

συμβάλλουν στο σχηματισμό NOx. Ως εκ τούτου, η χρήση του δυναμοδεικτικού διαγράμ-

ματος σε πειραματικές και πραγματικού χρόνου εφαρμογές προσθέτει στα μοντέλα αυτά τη 

δυνατότητα να συλλάβουν, αναφορικά με τη φυσική του προβλήματος, τις διάφορες μετα-

βολές στο εσωτερικό του κυλίνδρου σε διάφορα σημεία λειτουργίας και για διαφορετικούς 

τύπους κινητήρων. Επίσης, οι εν–πλω/πραγματικού χρόνου μετρήσεις της πίεσης του κυλίν-

δρου είναι πλέον συνήθης πρακτική για τους κινητήρες μεγάλης κλίμακας για ανίχνευση 

βλαβών και γενικά για διάγνωση. Ακόμα, καθώς το κόστος των αισθητήρων πίεσης πέφτει, 

θα είναι επίσης δυνατή η χρησιμοποίησή τους στον τομέα της αυτοκινητοβιομηχανίας, όπως 

σε εφαρμογές πραγματικού χρόνου [127] – [133]. Ωστόσο, ακόμα και αν η άμεση μέτρηση 

της πίεσης δεν είναι δυνατή, μπορεί να χρησιμοποιηθεί εναλλακτικά, δυναμοδεικτικό διά-

γραμμα που να έχει προκύψει από ένα απλό, γρήγορο, μονοζωνικό μοντέλο που είναι επαρ-

κώς επικυρωμένο. 
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Κίνητρο και Στόχος της Διατριβής 

Λαμβάνοντας υπόψη τη ζήτηση της βιομηχανίας για τις τεχνολογίες ελέγχου των 

εκπομπών ρύπων και στοχεύοντας στη συμμόρφωση με τη νομοθεσία για τον περιορισμό 

τους, διερευνώντας τις διαθέσιμες τεχνολογίες για τον έλεγχό τους, μελετώντας την υπάρ-

χουσα βιβλιογραφία και τα διάφορα προγράμματα για τον έλεγχο και τη βελτίωση των εν 

λόγω τεχνολογιών με τη χρήση μοντέλων προσομοίωσης, λαμβάνοντας υπόψη τη δυνατό-

τητα διαθεσιμότητας του δυναμοδεικτικού διαγράμματος και το γεγονός ότι τα NOx είναι 

από τους σημαντικότερους ελεγχόμενους ρύπους των κινητήρων Diesel, ο συγγραφέας της 

παρούσας διατριβής, αποφάσισε να αναπτύξει ένα απλοποιημένο, ημιεμπειρικό, πολυζω-

νικό, θερμοδυναμικό μοντέλο για την εκτίμηση των εκπομπών NOx και του ιστορικού του 

σχηματισμού τους σε κινητήρες Diesel, με χρήση του μετρημένου δυναμοδεικτικού δια-

γράμματος. Προκειμένου να αξιολογηθεί αυτό το μοντέλο, χρησιμοποιήθηκε ένα ευρύ φά-

σμα συνθηκών λειτουργίας και ρυθμίσεων του κινητήρα, για διαφορετικούς τύπους κινητή-

ρων. 

Συνεπώς, ο στόχος της παρούσας διατριβής είναι η ανάπτυξη και αξιολόγηση μο-

ντέλου προσομοίωσης για την πρόβλεψη του NOx που εκπέμπεται από τους κινητήρες Diesel, 

στοχεύοντας στα ακόλουθα: 

1. Μείωση του κόστους έρευνας, σχεδιασμού και των πειραμάτων. 

2. Συνεισφορά στην κατανόηση/επίβλεψη του σχηματισμού των NO κατά τη διάρ-

κεια του κύκλου λειτουργίας του κινητήρα και συνεπώς στον αποδοτικό περιορι-

σμό του. 

3. Εκτίμηση των εκπομπών NOx, για διάφορους τύπους κινητήρων, καθώς οι παρά-

μετροι/ρυθμίσεις του κινητήρα τροποποιούνται. 

4. Παρακολούθηση/επικύρωση σε πραγματικό χρόνο των εκπομπών NOx. 

Τα βασικά χαρακτηριστικά του προτεινόμενου μοντέλου είναι τα ακόλουθα: 

1. Απλή δομή και σενάριο. 

2. Χαμηλές υπολογιστικές απαιτήσεις, γρήγορη εξαγωγή αποτελεσμάτων. 

3. Ισχυρό φυσικό υπόβαθρο. 

4. Αξιοποίηση του μετρημένου δυναμοδεικτικού διαγράμματος.  

5. Συνδυασμός με εμπειρικές/στατιστικές προσθήκες για βέλτιστα αποτελέσματα. 

6. Ευρύ φάσμα εφαρμογής με χαμηλό κόπο βαθμονόμησης. 

7. Ευελιξία στην εφαρμογή. 
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Κεφάλαιο 2 ΕΠΙΣΚΟΠΗΣΗ ΒΙΒΛΙΟΓΡΑΦΙΑΣ – 

ΔΙΑΘΕΣΙΜΑ ΜΟΝΤΕΛΑ ΠΡΟΒΛΕΨΗΣ 

NOX 

Στο δεύτερο κεφάλαιο παρουσιάζεται εκτενής ανασκόπηση της διεθνούς βιβλιο-

γραφίας σχετικά με τα μοντέλα προσομοίωσης που χρησιμοποιούνται για την πρόβλεψη των 

εκπομπών NOx. Τα μοντέλα αυτά κατηγοριοποιούνται εδώ, στις ακόλουθες τρεις κατηγορίες 

ανάλογα με την πολυπλοκότητα, την αξιοπιστία και το υπολογιστικό τους κόστος: 

1. Πολυζωνικά, τρισδιάστατα (3D) φαινομενολογικά. 

2. Μονοζωνικά, καθαρά εμπειρικά και ημιεμπειρικά. 

3. Μηδενδιάστατα, ημιεμπειρικά/φαινομενολογικά, πολυζωνικά, θερμοδυναμικά. 

Έμφαση δόθηκε στην τελευταία κατηγορία, στην οποία εμπίπτει το προτεινόμενο μοντέλο. 

Πολυζωνικά, Τρισδιάστατα (3D) Φαινομενολογικά Μοντέλα 

Η βασική διαφορά της πρώτης κατηγορίας με τις άλλες δύο είναι η γεωμε-

τρική/χωρική (3D) θεώρηση της δέσμης καυσίμου και της φλόγας. Αυτά τα μοντέλα έχουν 

το πλεονέκτημα της προσέγγισης της φυσικής της εξέλιξης του ψεκασμού και της φλόγας 

στο εσωτερικό του θαλάμου καύσης με τρόπο που είναι κοντά στην πραγματικότητα. Έτσι, 

μετά από βαθμονόμηση, μπορούν να παρέχουν χρήσιμες πληροφορίες για τις διεργασίες 

εντός του κυλίνδρου, που μπορούν να χρησιμοποιηθεί για τη βελτιστοποίηση της απόδοσης 

του κινητήρα και των εκπομπών ρύπων. Ωστόσο, τα μοντέλα αυτά έχουν σχετικά υψηλό 

υπολογιστικό κόστος και αυξημένη πολυπλοκότητα, αλλά είναι σημαντικά ταχύτερα από τα 

αντίστοιχα CFD. Επίσης είναι πιο ευέλικτα, όταν χρησιμοποιούνται σε συνδυασμό με άλλα 

μοντέλα, π.χ. μοντέλα υπερπλήρωσης κ.λπ., για παράδειγμα, σε διερευνήσεις  βελτιστοποί-

ησης που χρησιμοποιούν πειράματα με μοντέλα προσομοίωσης (DOE). 

Τα μοντέλα αυτά, κάνουν χρήση του ρυθμού έγχυσης καυσίμου για να προσο-

μοιώσουν τη δέσμη καυσίμου στο εσωτερικό του θαλάμου καύσης. Το εγχεόμενο καύσιμο 

χωρίζεται σε πολλαπλούς διακριτούς όγκους, που ονομάζονται ζώνες. Οι ζώνες αυτές εξε-

λίσσονται στο χώρο και το χρόνο, σύμφωνα με ένα μοτίβο ψεκασμού (π.χ. 3D διακριτοποί-

ηση κώνου) και σύμφωνα με την εξέλιξη της δέσμης στο χρόνο. Οι επιβαλλόμενοι  γεωμε-

τρικοί περιορισμοί του κυλίνδρου λαμβάνονται, επίσης, υπόψη. Επιπλέον, τα θερμοχημικά 

χαρακτηριστικά της κάθε ζώνης καθορίζονται μέσω αυτής της πολυζωνικής προσέγγισης 

που συνοδεύεται από ημιεμπειρικές/φαινομενολογικές συσχετίσεις που περιγράφουν: τα χα-

ρακτηριστικά της δέσμης καθώς εξελίσσεται εντός του κυλίνδρου (μήκος διάσπασης, γωνία 

και διείσδυση της δέσμης, μέγεθος των σταγονιδίων, ρυθμός ατμοποίησης και ανάμιξης, 

κ.λπ.), τη ροή αέρα από τις βαλβίδες ή τις θυρίδες, την προετοιμασία του αναφλέξιμου μείγ-

ματος, την ανάπτυξη και σβέση της φλόγας διάχυσης, τη ροή της γόμωσης του κυλίνδρου, 

τις χημικές αντιδράσεις, κ.λπ. Από αυτή την προσέγγιση μπορούν να εκτιμηθούν η απόδοση 

του κινητήρα (δηλ. κατανάλωση καυσίμου, ισχύς, κ.λπ.) και οι εκπομπές ρύπων (δηλ. NOx, 
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SOx, COx, HC, PM, κ.λπ.). Μερικά από αυτά τα μοντέλα μπορούν να βρεθούν σε αυτές τις 

αναφορές [91,95,134,135,136]. 

Μονοζωνικά, Εμπειρικά και Ημιεμπειρικά Μοντέλα 

Για να αντιμετωπίσουν το υψηλό υπολογιστικό κόστος και την πολυπλοκότητα 

που παρουσιάζει η προηγούμενη κατηγορία μοντέλων, πολλοί ερευνητές έχουν αναπτύξει 

πιο απλοϊκά μοντέλα, όπως καθαρά εμπειρικά/στατιστικά και μονοζωνικά εμπειρικά και η-

μιεμπειρικά. Αυτά τα μοντέλα είναι εξαιρετικά γρήγορα και κατάλληλα για εφαρμογές 

πραγματικού χρόνου/εν–πλω και εφαρμογές ελέγχου κλειστού βρόχου, όμως, λόγω έλλει-

ψης φυσικού υπόβαθρου, είναι έγκυρα/αξιόπιστα μόνο μέσα στο εύρος βαθμονόμησής τους 

και για τον συγκεκριμένο τύπο κινητήρα που έχουν σχεδιαστεί. Επίσης απαιτείται εκτετα-

μένη βαθμονόμηση για να προκύψουν αξιόπιστα αποτελέσματα. Κάποια από αυτά τα μο-

ντέλα μπορούν να βρεθούν σε αυτές τις αναφορές [41,121,122,125,126,148,149,152,150], 

[151,153,159,160]. 

Μηδενδιάστατα, Ημιεμπειρικά/Φαινομενολογικά, Πολυζωνικά, 

Θερμοδυναμικά 

Για να αντιμετωπίσουν τα μειονεκτήματα των δύο προαναφερθεισών κατηγοριών 

μοντέλων, ορισμένοι ερευνητές έχουν κάνει προσπάθειες για την ανάπτυξη ενός τύπου μο-

ντέλου που συνδυάζει τα πλεονεκτήματα και των δύο αυτών κατηγοριών. Αυτός ο τύπος 

μοντέλου αντιστοιχεί στα μηδενδιάστατα, πολυζωνικά, ημιεμπειρικά/ φαινομενολογικά, 

θερμοδυναμικά μοντέλα. Αυτά τα μοντέλα χρησιμοποιούν τουλάχιστον δύο ζώνες για την 

προσομοίωση των διαδικασιών εντός του κυλίνδρου. Ωστόσο, η διακριτοποίηση δεν περι-

λαμβάνει γεωμετρική, 3D μοντελοποίηση της δέσμης καυσίμου ή του χώρου στο εσωτερικό 

του θαλάμου καύσης, αν και λαμβάνει υπόψη τους περιορισμούς που επιβάλλονται από τη 

γεωμετρία του. Αντί αυτού, το περιεχόμενο του κυλίνδρου διαχωρίζεται σε ζώνες οι οποίες 

εξελίσσονται καθώς ο χρόνος παρέρχεται, ακολουθώντας φυσικούς ή φαινομενολογικούς 

νόμους (π.χ. θερμοδυναμική, κ.λπ.). Ο διαχωρισμός σε ζώνες, κάθε μια από τις οποίες κα-

θορίζεται από ένα αντίστοιχο τμήμα του περιεχομένου του κυλίνδρου και των φυσικών και 

χημικών του ιδιοτήτων, εισάγει το σενάριο της ανομοιογένειας εντός του κυλίνδρου. Για να 

βελτιωθούν οι προβλέψεις τους, τα μοντέλα αυτά μπορεί επίσης να χρησιμοποιούν το με-

τρημένο ή εκτιμημένο δυναμοδεικτικό διάγραμμα, ανάλυση του ρυθμού έκλυσης θερμότη-

τας ή/και εμπειρικές/στατιστικές ή ημιεμπειρικές συσχετίσεις. Τα χαρακτηριστικά αυτά, τα 

καθιστούν ικανά να προβούν σε αξιόπιστες προβλέψεις για ένα ευρύ φάσμα τύπων κινητή-

ρων και σημείων λειτουργίας. Λόγω της απλής δομής τους και της φυσικής τους βάσης, 

είναι πολύ γρήγορα και αξιόπιστα, και συνεπώς ικανά να χρησιμοποιηθούν στην έρευνα 

αλλά και σε πρακτικές εφαρμογές. Ορισμένα από αυτά τα μοντέλα περιγράφονται σε αυτές 

τις αναφορές [106] – [115], [156,20,179]. 

Εδώ επισημαίνεται ότι ανάμεσα στο νέο σενάριο και τα νέα χαρακτηριστικά του 

προτεινόμενου μοντέλου, πολλά χαρακτηριστικά από τα υπάρχοντα μοντέλα και καινοτόμες 

ιδέες από άλλους ερευνητές υιοθετήθηκαν, εξελίχθηκαν και συνδυάστηκαν, έτσι ώστε να 

συντεθεί ένα αξιόπιστο και γρήγορο μοντέλο για τις εκπομπές NOx. 
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Κεφάλαιο 3 ΑΝΑΠΤΥΞΗ ΤΟΥ ΠΡΟΤΕΙΝΟΜΕΝΟΥ 

ΜΟΝΤΕΛΟΥ 

Το προτεινόμενο μοντέλο αναπτύχθηκε και επικυρώθηκε μέσα από πολλά στάδια 

εξέλιξης [188,189,56,190]. Η τελική του μορφή παρουσιάζεται αναλυτικά σε αυτό το κεφά-

λαιο. Αρχικά περιγράφεται η διαδικασία μέτρησης και επεξεργασίας του δυναμοδεικτικού 

διαγράμματος. Ακολουθεί ο υπολογισμός των αρχικών συνθηκών που χρησιμοποιούνται 

στο μοντέλο του ρυθμού έκλυσης θερμότητας και στο μοντέλο NOx. Στη συνέχεια, περιγρά-

φεται αναλυτικά η μεθοδολογία που ακολουθήθηκε για τον υπολογισμό: 

 Του ρυθμού έκλυσης θερμότητας. 

 Της μεταφοράς θερμότητας με τα τοιχώματα του κυλίνδρου 

 Της αρχής και του τέλους της καύσης. 

 Του ρυθμού καύσης. 

 Του μοντέλου NOx το οποίο αναλύεται: 

 Στην κύρια ιδέα και το σενάριο που ακολουθήθηκε για τις καμένες και τη άκαυ-

στη ζώνη. 

 Στα υπό–μοντέλα που χρησιμοποιήθηκαν στον υπολογισμό των NOx, δηλαδή 

αυτό της χημικής διάστασης (για τον υπολογισμό της σύστασης ισορροπίας) και 

του μηχανισμού Extended Zeldovich (υπολογισμός των θερμικών NOx, δηλ. NO). 

 Στη μεθοδολογία για τη βαθμονόμηση του μοντέλου. 

Πλεονεκτήματα από τη Χρήση του Δυναμοδεικτικού 

Διαγράμματος 

Το θεμελιώδες χαρακτηριστικό του προτεινόμενου μοντέλου είναι το ότι κάνει 

χρήση του μετρημένου δυναμοδεικτικού διαγράμματος. Το δυναμοδεικτικό διάγραμμα είναι 

ένα ισχυρό εργαλείο για τον μηχανικό, γιατί παρέχει σημαντικές πληροφορίες για τους μη-

χανισμούς που λαμβάνουν χώρα στο εσωτερικό του κυλίνδρου του κινητήρα. Η πίεση, η 

θερμοκρασία και η χημική σύσταση της γόμωσης στο εσωτερικό του θαλάμου καύσης, τα 

οποία οδηγούν το σχηματισμό των NOx, προσδιορίζονται από αυτούς τους μηχανισμούς οι 

οποίοι περιλαμβάνουν τη συμπίεση, ανάμειξη καυσίμου–αέρα, καύση, εκτόνωση κ.λπ. 

[8,14]. Οι παραπάνω μηχανισμοί επηρεάζονται άμεσα από τις αρχικές συνθήκες της γόμω-

σης, τη γεωμετρία του κινητήρα, τη μεταφορά θερμότητας με τα τοιχώματα του κυλίνδρου, 

τις διαρροές προς τον στροφαλοθάλαμο, την τύρβη της γόμωσης, το προφίλ και το χρονισμό 

της έγχυσης καυσίμου κ.λπ. Ως εκ τούτου, η χρήση του μετρημένου δυναμοδεικτικού δια-

γράμματος προσθέτει στο μοντέλο τη δυνατότητα να λαμβάνει υπόψη τους σημαντικότε-

ρους παράγοντες που επηρεάζουν την καύση και συνεπώς τον σχηματισμό των NOx. Αυτό 

είναι σημαντικό επειδή οποιαδήποτε μεταβολή αυτών των παραγόντων θα επηρεάσει άμεσα 

την πίεση μέσα στον κύλινδρο και ως εκ τούτου το αποτέλεσμα της μεταβολής αυτής στα 

NOx, μπορεί να συλληφθεί από το μοντέλο. 
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Επιπλέον, μπορούν να ληφθούν απευθείας από το δυναμοδεικτικό διάγραμμα ση-

μαντικές πληροφορίες όπως η πίεση συμπίεσης, η μέγιστη πίεση καύσης, η γωνία έναρξης 

της καύσης, κ.λπ. Επίσης, μετά από μαθηματική επεξεργασία, μπορεί να χρησιμοποιηθεί για 

τον υπολογισμό της ενδεικνυόμενης ισχύος του κινητήρα, της μέσης ενδεικνυόμενης πίεσης 

και του ρυθμού έκλυσης θερμότητας (HRR). 

Η μέτρηση του δυναμοδεικτικού διαγράμματος γίνεται με τη χρήση ειδικών αι-

σθητήρων πίεσης (πιεζοηλεκτρικοί αισθητήρες) [191]. Το λαμβανόμενο σήμα ενισχύεται, 

μετατρέπεται σε ψηφιακό μέσω αναλογοψηφιακού μετατροπέα και το σήμα/τάση αντιστοι-

χίζεται σε πίεση. Για να αξιοποιηθεί το σήμα αυτό, πρέπει να αντιστοιχιστεί και να συγχρο-

νιστεί με τη γωνία στροφάλου (CA).  Για να επιτευχθεί αυτό, το σημείο του δυναμοδεικτικού 

που αντιστοιχεί στο άνω νεκρό σημείο (TDC) πρέπει να εντοπιστεί με τη μέγιστη δυνατή 

ακρίβεια. Αυτό μπορεί να γίνει με χρήση επαγωγικού αισθητήρα τοποθετημένου στον σφόν-

δυλο του κινητήρα [25] ή εναλλακτικά με χρήση θερμοδυναμικών μεθόδων [196,197]. Επί-

σης, για να συγχρονιστεί ο χρονισμός της γωνίας στροφάλου (θέση εμβόλου) με τον ρυθμό 

δειγματοληψίας της πίεσης μπορεί να χρησιμοποιηθεί ειδικό σύστημα που μετράει τη γωνία 

στροφάλου (CA encoder) ταυτόχρονα με την πίεση του κυλίνδρου ή εναλλακτικά μετατρέ-

ποντας το πεδίο του χρόνου, στο οποίο γίνεται η μέτρηση της πίεσης, στο πεδίο της γωνίας 

στροφάλου υποθέτοντας σταθερές στροφές μέσα στον κύκλο. Τέλος, υπάρχουν πολλές μέ-

θοδοι για την πρόσδεση της μετρούμενης πίεσης που σκοπό έχει τον υπολογισμό της από-

λυτης πίεσης (π.χ. κάνοντας χρήση της μετρημένης πίεσης σάρωσης), που μπορούν να βρε-

θούν στη βιβλιογραφία [199].  

Στην παρούσα εργασία εξετάστηκε μόνο η λειτουργία κινητήρα σε μόνιμη κατά-

σταση. Έτσι, για κάθε σημείο λειτουργίας, το τελικό δυναμοδεικτικό διάγραμμα του κάθε 

κυλίνδρου προκύπτει από τον μέσο όρο των περίπου 20–100 διαδοχικών κύκλων του κινη-

τήρα ανάλογα με την εφαρμογή (υψηλότερος αριθμός για υψηλότερες στροφές) 

[191,194,200,201] στοχεύοντας στην απομείωση του σφάλματος που οφείλονται σε θόρυβο 

του σήματος, κυκλική διακύμανση και σφάλματα δειγματοληψίας. Τα τελικά δυναμοδει-

κτικά διαγράμματα του συνόλου των κυλίνδρων μπορούν να χρησιμοποιηθούν για πιο λε-

πτομερή ανάλυση. Εναλλακτικά μπορεί να γίνει χρήση του δυναμοδεικτικού διαγράμματος 

ενός αντιπροσωπευτικού κυλίνδρου ο οποίος χαρακτηρίζεται ως «μέσος κύλινδρος», υπο-

θέτοντας ότι οι άλλοι κύλινδροι έχουν παρόμοια συμπεριφορά. 

Σε αυτή τη μελέτη, η προαναφερθείσα διαχείριση του σήματος πίεσης, για τις 

περιπτώσεις των κινητήρων μεγάλης κλίμακας, επιτεύχθηκε με τη χρήση καλά επικυρωμέ-

νου διαγνωστικού εργαλείου που αναπτύχθηκε στο εργαστήριο μηχανών εσωτερικής καύ-

σης του ΕΜΠ [209,210,138,132]. Οι μετρήσεις αυτές, ελήφθησαν σε πραγματικό χρόνο 

ή/και εν–πλω από την ερευνητική ομάδα του εργαστηρίου. Για τις περιπτώσεις που αφορούν 

στους οδικούς κινητήρες, τα τελικά δυναμοδεικτικά διαγράμματα ελήφθησαν από την AVL 

και το ETH κατά τη διάρκεια συνεργασίας υπό ευρωπαϊκό πρόγραμμα. Αυτές οι μετρήσεις 

ελήφθησαν υπό ελεγχόμενες εργαστηριακές συνθήκες και η προεπεξεργασία τους έγινε από 

τον πάροχο. 

Στη συνέχεια, αναλόγως της κατάστασης του δυναμοδεικτικού διαγράμματος και 

της παραγώγου του, δηλαδή της έντασης και συχνότητας του περιεχόμενου θορύβου, το 

δυναμοδεικτικό διάγραμμα πρέπει να φιλτραριστεί. Σε αυτή την εργασία χρησιμοποιήθηκε 

το χαμηλοπερατό φίλτρο Savitzky–Golay [202]. 
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Η μέθοδος αυτή, χρησιμοποιεί συντελεστές βαρύτητας για τα σημεία μέσα στο 

παράθυρο του φίλτρου που χρησιμοποιούνται για τον υπολογισμό της εξομαλυμένης τιμής 

του εξεταζόμενου σημείου. Η χρήση αυτών των συντελεστών (συντελεστές συνέλιξης) είναι 

ακριβώς ισοδύναμη με την προσαρμογή των δεδομένων με χρήση πολυωνύμου. Επίσης, 

μπορεί να ληφθεί απευθείας από το αφιλτράριστο δυναμοδεικτικό διάγραμμα το αντίστοιχο 

διάγραμμα της παραγώγου του εξομαλυμένο. Ο υπολογισμός των συντελεστών αυτού του 

φίλτρου βασίζεται στην παλινδρόμηση πολυωνύμου με χρήση της μεθόδου των ελαχίστων 

τετραγώνων. Το πλάτος του παραθύρου φιλτραρίσματος επιλέχθηκε έτσι ώστε να δίνει ικα-

νοποιητικής ποιότητας διαγράμματα παραγώγου της πίεσης και ρυθμού έκλυσης θερμότη-

τας. Ο αλγόριθμος που χρησιμοποιήθηκε στην παρούσα εργασία βασίζεται στις κατευθυ-

ντήριες γραμμές της αναφοράς [207]. 

Δεδομένα Εισόδου 

Στη συνέχεια αναφέρονται τα δεδομένα εισόδου και οι προκαταρτικοί υπολογι-

σμοί που απαιτούνται για το προτεινόμενο μοντέλο. Το πιο σημαντικό στοιχείο εισόδου στο 

μοντέλο NO είναι ο ρυθμός καύσης (δηλ. το μέρος του καυσίμου που καίγεται σε κάθε χρο-

νική στιγμή), το οποίο υπολογίζεται χρησιμοποιώντας το δυναμοδεικτικό διάγραμμα, τα α-

κόλουθα βασικά γεωμετρικά χαρακτηριστικά του κινητήρα όπως: 

 τον αριθμό των κυλίνδρων, 

 τη διάμετρο του κυλίνδρου, 

 τη διαδρομή του εμβόλου, 

 το μήκος του διωστήρα, 

 την ακτίνα στροφάλου, 

 το λόγος συμπίεσης, 

 τον τύπο του κινητήρα: δίχρονος ή τετράχρονος, 

 τη γωνία στροφάλου στην αρχή της συμπίεσης, 

 τη γωνία στροφάλου στο άνοιγμα της βαλβίδας εξαγωγής 

και τα ακόλουθα λειτουργικά χαρακτηριστικά του κινητήρα όπως: 

 τις στροφές του κινητήρα, 

 την παροχή μάζας καυσίμου, 

 την παροχή μάζας αέρα εισόδου ή καυσαερίων, 

 το ποσοστό ανακυκλοφορίας καυσαερίου (EGR), 

 τη θερμοκρασία στην πολλαπλή εισαγωγής και 

 την πίεση στην πολλαπλή εισαγωγής. 

Για να μπορεί το μοντέλο να δώσει ικανοποιητικά αποτελέσματα οι αρχικές συν-

θήκες πριν την έναρξη της καύσης πρέπει να καθοριστούν με ακρίβεια. Οι συνθήκες αυτές 

είναι η παγιδευμένη μάζα στον κύλινδρο και η χημική της σύσταση. 

Όσον αφορά στο καύσιμο, η κατώτερη θερμογόνος δύναμη (LHV) και η χημική 

του σύσταση κατά μάζα (άνθρακας C, υδρογόνο H, θείο S, οξυγόνο O και άζωτο N), χρησι-

μοποιούνται εμμέσως στους υπολογισμούς των αρχικών συνθηκών αλλά και αργότερα 

στους βασικούς υπολογισμούς των μοντέλων του HRR και NO. 



Σάββα Σ. Νικόλαος – Διδακτορική Διατριβή 

278 

Όσον αφορά στις μεγάλης κλίμακας μηχανές, η παροχή καυσίμου υπολογίστηκε 

με επικυρωμένο [208] διαγνωστικό σύστημα (που αναπτύχθηκε στο εργαστήριο μηχανών 

εσωτερικής καύσης του ΕΜΠ) [209,210,138,132] και χρησιμοποιώντας αυτό, τη σύσταση 

του καυσίμου και τη μετρημένη σύσταση καυσαερίου, υπολογίζεται η παροχή αέρα [kg/h] 

μέσω της μεθόδου ισοζυγίου άνθρακα [46]. Για τους οδικούς κινητήρες που εξετάστηκαν, 

χρησιμοποιήθηκαν οι τιμές των παροχών που προέκυψαν από εργαστηριακές μετρήσεις (με 

χρήση ογκομετρικού παροχόμετρου). 

Ειδικά για τους κινητήρες μεγάλης κλίμακας, όπου μετρήθηκαν τα δυναμοδει-

κτικά όλων των κυλίνδρων, θα πρέπει να γίνει κατανομή της ροής καυσίμου του κινητήρα 

σε κάθε κύλινδρο. Αυτό είναι επιτακτική ανάγκη δεδομένου ότι, κάθε κύλινδρος μπορεί να 

έχει διαφορετική κατανάλωση καυσίμου. Λαμβάνοντας αυτό υπόψη, υιοθετήθηκε η ακό-

λουθη απλή μεθοδολογία για την κατανομή της συνολικής ροής του καυσίμου στους κυλίν-

δρους: Υπολογίζεται η σωρευτική καθαρή (χωρίς να λαμβάνονται υπόψη οι απώλειες θερ-

μότητας) έκλυση θερμότητας (CNHR) κατά τη διάρκεια του κύκλου για κάθε κύλινδρο χρη-

σιμοποιώντας το αντίστοιχο δυναμοδεικτικό διάγραμμα. Επίσης, από την ανάλυση του ρυθ-

μού έκλυσης θερμότητας εντοπίζεται το τέλος της καύσης (EOC) όπως περιγράφεται πιο 

κάτω. Ακολούθως, οι τιμές των CNHR στο EOC του κάθε κυλίνδρου προστίθενται προκει-

μένου να υπολογιστεί η συνολική καθαρή έκλυση θερμότητας που αντιστοιχεί στο εγχεό-

μενο καύσιμο. Στη συνέχεια, υπολογίζεται ο λόγος μεταξύ του CNHR στο EOC και του 

συνολικού για κάθε κύλινδρο. Η αντίστοιχη μάζα καυσίμου που εγχέεται σε κάθε κύλινδρο 

υπολογίζεται στη συνέχεια από τον πολλαπλασιασμό αυτού του λόγου με το συνολικό εγ-

χεόμενο καύσιμο. Παρόλο που η μεθοδολογία αυτή αγνοεί τις απώλειες θερμότητας από τα 

τοιχώματα, παρέχει επαρκείς ενδείξεις για τη διανομή του καυσίμου στους κυλίνδρους. Ε-

πίσης, η συνολική παροχή αέρα κατανέμεται στους κυλίνδρους με την ίδια μεθοδολογία, 

δηλ. πολλαπλασιάζοντάς την με τον αντίστοιχο λόγο (σύμφωνα με τον πιο πάνω υπολογισμό) 

κάθε κυλίνδρου. 

Ειδικότερα για τους δίχρονους κινητήρες μεγάλης κλίμακας, οι αρχικές συνθήκες, 

δηλ. η παγιδευμένη μάζα στον κύλινδρο, η χημική της σύσταση και η θερμοκρασία στην 

έναρξη της συμπίεσης, δηλαδή στο κλείσιμο της βαλβίδας εξαγωγής (EVC) υπολογίζονται 

με τη χρήση ενός μοντέλου σάρωσης. Η χρήση μοντέλου σάρωσης έγινε, επειδή σε αυτού 

του τύπου τις μηχανές η διαδικασία απόπλυσης είναι πλημμελής σε σχέση με την αντίστοιχη 

στους τετράχρονους και συνεπώς το παραμένον καυσαέριο είναι αυξημένο. Αυτό επηρεάζει 

τη σύσταση και τη θερμοκρασία της γόμωσης και συνεπώς την απόδοση του κινητήρα και 

τις εκπομπές ρύπων.  

Το μοντέλο σάρωσης που χρησιμοποιήθηκε είναι πλήρους ανάμειξης, μη ισοθερ-

μικό και προέρχεται από τις αναφορές [9,146] εισάγοντας κάποιες τροποποιήσεις. Σε αυτό 

το μοντέλο, η  γόμωση θεωρείται ότι συμπεριφέρεται ως ιδανικό αέριο στους υπολογισμούς 

του μοντέλου. Σε αυτούς τους υπολογισμούς χρησιμοποιούνται, επίσης, ο όγκος και η πίεση 

του κυλίνδρου σε τρία σημεία: στο κλείσιμο της βαλβίδας εξαγωγής (EVC), στο άνοιγμα 

της βαλβίδας εξαγωγής (EVO) και στο τέλος της εκτόνωσης όταν οι θυρίδες εισαγωγής α-

ποκαλύπτονται (SPO). Οι πιέσεις προέρχονται από το μετρημένο δυναμοδεικτικό διά-

γραμμα, ως ο μέσος όρος των τιμών πιέσεων της γειτονικής περιοχής του εκάστοτε εξετα-

ζόμενου σημείου.  
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Αρχικά υπολογίζεται ο λόγος διανομής αέρα (Λ) όπως περιγράφεται στην Εξ. (0.1) 

[9]: 

όπου ο “fresh air mass delivered” [kg/cycle] αντιστοιχεί στον αέρα περιβάλλοντος που ει-

σέρχεται σε κάθε κύλινδρο και m0 είναι η μάζα αέρα αναφοράς που υπολογίζεται στη θερ-

μοκρασία και πίεση που επικρατεί στην πολλαπλής εισαγωγής και τον όγκο του κυλίνδρου 

στο EVC. 

Ο βαθμός απόδοσης σάρωσης (ηsc) του κυλίνδρου υπολογίζεται από την Εξ. (3.2): 

όπου οι θερμοκρασίες είναι σε [K]. Ο ηsc αντιστοιχεί στο κλάσμα της παγιδευμένης μάζας 

που καταλαμβάνεται από αέρα περιβάλλοντος. Ο εκθέτης k υποδεικνύει τον αύξοντα αριθμό 

της επανάληψης. Το υπόλοιπο κλάσμα είναι το παραμένον καυσαέριο (RG), του οποίου η 

σύσταση (xexh, yexh, MWexh) υπολογίζεται θεωρώντας ιδανική καύση χρησιμοποιώντας τον 

μέσο λόγο ισοδυναμίας του κυλίνδρου και παραλείποντας τα προϊόντα της χημικής διάστα-

σης. Η κλάσμα μάζας του RG υπολογίζεται από την Εξ. (3.3): 

Στη συνέχεια υπολογίζεται η σύσταση και το μοριακό βάρος (MW) της γόμωσης 

σύμφωνα με την Εξ. (3.4): 

όπου x και y είναι η σύσταση κατά mole και κατά μάζα αντίστοιχα του στοιχείου j της γό-

μωσης (ch), οι δείκτες air και exh υποδεικνύουν τον ατμοσφαιρικό αέρα και τα καυσαέρια 

αντίστοιχα. 

Η νέα θερμοκρασία της παγιδευμένης μάζας στο EVC υπολογίζεται από την Εξ. 

(3.5) [146]: 

Λ =
𝑚𝑎𝑠𝑠⁡𝑜𝑓⁡𝑓𝑟𝑒𝑠ℎ⁡𝑎𝑖𝑟⁡𝑑𝑒𝑙𝑖𝑣𝑒𝑟𝑒𝑑

𝑚0
 (0.1) 

𝑚𝑎𝑠𝑠⁡𝑜𝑓⁡𝑓𝑟𝑒𝑠ℎ⁡𝑎𝑖𝑟⁡𝑖𝑛⁡𝑡ℎ𝑒⁡𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟

𝑡𝑜𝑡𝑎𝑙⁡𝑐𝑦𝑙𝑖𝑛𝑑𝑒𝑟⁡𝑚𝑎𝑠𝑠
= 𝜂𝑠𝑐

𝑘 = 1 −
𝑇𝐸𝑉𝐶
𝑘−1

𝑇𝑆𝑃𝑂
𝑘−1 ∙ 𝑒

−Λ (3.2) 

𝑅𝐺𝑘 = 1 − 𝜂𝑠𝑐
𝑘  (3.3) 

𝑦𝑗
𝑘 = 𝜂𝑠𝑐

𝑘 ∙ 𝑦𝑎𝑖𝑟,𝑗 + 𝑅𝐺
𝑘 ∙ 𝑦𝑒𝑥ℎ,𝑗 

𝑥𝑗
𝑘 =

𝑦𝑗
𝑘

𝑀𝑊𝑗
∙ (∑

𝑦𝑗
𝑘

𝑀𝑊𝑗
𝑗

)

−1

 

𝑀𝑊𝑐ℎ
𝑘 =∑ 𝑥𝑗

𝑘 ∙ 𝑀𝑊𝑗
𝑗

 

(3.4) 

𝑇𝐸𝑉𝐶
𝑘 =

𝑇𝑠𝑐

1 − (1 −
𝑇𝑠𝑐
𝑇𝑆𝑃𝑂
𝑘−1) ∙ 𝑒

−Λ

 
(3.5) 
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όπου οι θερμοκρασίες είναι σε [K] και Tsc είναι η θερμοκρασία σάρωσης. Η παγιδευμένη 

μάζα (𝑚𝐸𝑉𝐶
𝑘  [kg]) υπολογίζεται με την Εξ. (3.6): 

όπου 𝑅̅ = 8314 [J/kmol/K], p [Pa] και V[m3] είναι ο όγκος και η πίεση του κυλίνδρου στο 

EVC. 

Κατόπιν, η μάζα φορτίου στο EVO (𝑚𝐸𝑉𝑂) υπολογίζεται ως το άθροισμα της πα-

γιδευμένης μάζας στο EVC και της εγχεόμενης μάζας καυσίμου. Μετά, υπολογίζεται η μάζα 

στο SPO (mSPO) μέσω της Εξ. (3.7) [146]: 

όπου , cp [J/kg/K], γ, R [J/kg/K] είναι η ειδική θερμοχωρητικότητα σε σταθερή πίεση, ο 

ισεντροπικός εκθέτης και η σταθερά του καυσαερίου (𝑅 = 𝑅̅/𝑀𝑊𝑒𝑥ℎ) αντιστοίχως. Ο λόγος 

cp/R υπολογίζεται από πολυωνυμικές προσεγγίσεις [180]. 

Εν τέλει, η καινούρια τιμή της TSPO υπολογίζεται από την Εξ. (3.8): 

Η επαναληπτική διαδικασία συνεχίζεται μέχρι να συγκλίνει σε μια τελική τιμή το 

RG. 

Για τους τετράχρονους κινητήρες μεγάλης κλίμακας, η σύσταση της γόμωσης 

στην έναρξη της συμπίεσης θεωρείται ταυτόσημη με εκείνη του αέρα περιβάλλοντος, επειδή 

το RG είναι σημαντικά χαμηλότερο σε σύγκριση με τους δίχρονους κινητήρες, δεδομένου 

ότι ο βαθμός απόδοσης σάρωσης είναι σημαντικά υψηλότερος [9]. Η θερμοκρασία στην 

έναρξη της συμπίεσης (TIVC), δηλαδή όταν η βαλβίδα εισαγωγής κλείνει (IVC) υπολογίζεται 

από την Εξ. (3.9) θεωρώντας ότι αυτή είναι αυξημένη σε σχέση με τη θερμοκρασία σάρωσης 

(Tsc) ανάλογα με το φορτίο του κινητήρα (P/PN). 

όπου P είναι η ισχύς του κινητήρα και PN η αντίστοιχη ονομαστική. Αφού υπολογιστεί η 

TIVC, η παγιδευμένη μάζα κατά την έναρξη της συμπίεσης υπολογίζεται χρησιμοποιώντας 

τη σύνθεση του ατμοσφαιρικού αέρα, τον όγκο και την πίεση του κυλίνδρου στο IVC μέσω 

της καταστατικής εξίσωσης των τέλειων αερίων. 

𝑚𝐸𝑉𝐶
𝑘 =

𝑝𝐸𝑉𝐶 ∙ 𝑉𝐸𝑉𝐶

𝑅̅
𝑀𝑊𝑐ℎ

𝑘 ∙ 𝑇𝐸𝑉𝐶
𝑘

 
(3.6) 

𝑚𝑆𝑃𝑂
𝑘 = 𝑚𝐸𝑉𝑂

𝑘 ∙ (𝑉𝑆𝑃𝑂/𝑉𝐸𝑉𝑂) ∙ (𝑝𝑆𝑃𝑂/𝑝𝐸𝑉𝑂)
1
𝛾(𝑥𝑒𝑥ℎ,𝑇𝑆𝑃𝑂

𝑘−1)⁄
 

𝛾 =
𝑐𝑝𝑘−1

𝑐𝑝𝑘−1 − 𝑅
 

(3.7) 

𝑇𝑆𝑃𝑂
𝑘 =

𝑝𝐸𝑂𝐵𝐷 ∙ 𝑉𝐸𝑂𝐵𝐷

𝑅̅
𝑀𝑊𝑒𝑥ℎ

∙ 𝑚𝐸𝑂𝐵𝐷
𝑘

 
(3.8) 

𝑇𝐼𝑉𝐶 = 𝑇𝑠𝑐 + 30 + 30 ∙
𝑃

𝑃𝑁
 (3.9) 
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Όπως έχει ήδη αναφερθεί, τα δεδομένα των μετρήσεων που αφορούν στους οδι-

κούς κινητήρες που εξετάστηκαν λήφθησαν από εργαστηριακές μετρήσεις. Τα στοιχεία που 

αξιοποιούνται για τον προσδιορισμό των αρχικών συνθηκών για αυτούς τους κινητήρες εί-

ναι τα ακόλουθα: 

 το δυναμοδεικτικό διάγραμμα του «μέσου» κυλίνδρου (αντιπροσωπευτικού), 

 οι στροφές του κινητήρα, 

 η παροχή μάζας αέρα, 

 η παροχή μάζας καυσίμου, 

 η μοριακή αναλογία H/C καυσίμου, 

 το ποσοστό EGR, 

 το κλάσμα μάζας RG, 

 η πίεση στην πολλαπλή εισαγωγής και 

 οι συνθήκες περιβάλλοντος. 

Οι απαιτούμενες αρχικές συνθήκες είναι η μάζα και η σύσταση της  άκαυστης 

γόμωσης ακριβώς πριν από την έναρξη της καύσης (SOC). Η σύσταση της άκαυστης γόμω-

σης (ζώνης) θεωρείται αμετάβλητη από το IVC μέχρι το SOC. Η παγιδευμένη μάζα στον 

κύλινδρο, κατά τη διάρκεια ενός κύκλου, (𝑚𝑡𝑟[𝑘𝑔] = 𝑚̇𝑡𝑟 [
𝑘𝑔

𝑐𝑦𝑐𝑙𝑒
] ∙ 1[𝑐𝑦𝑐𝑙𝑒]) και η σύστασή 

του υπολογίζονται χρησιμοποιώντας την παροχή αέρα εισαγωγής (𝑚̇𝐼𝐴  [kg/h]), τα κλά-

σματα μάζας EGR και RG και την κατά μάζα σύσταση του καυσίμου (H/C), τα οποία δίνο-

νται ως δεδομένα εισόδου. Ο βαθμός απόδοσης παγίδευσης θεωρείται ίσος με τη μονάδα 

(ρεαλιστικό για τετράχρονους κινητήρες), η παρεχόμενη μάζα αέρα στην πολλαπλή εισα-

γωγής (⁡𝑚̇𝐼𝑀[kg/h]) ισούται με αυτήν που παγιδεύεται, η οποία υπολογίζεται από την Εξ. 

(3.10) όπου ncyl είναι ο αριθμός των κυλίνδρων και N είναι οι στροφές του κινητήρα [rpm]: 

Η σύσταση των αερίων του EGR και RG θεωρείται ταυτόσημη με αυτήν των καυ-

σαερίων η οποία προέρχεται από ιδανική καύση με χρήση του μέσου λόγου ισοδυναμίας 

του κυλίνδρου. Στη συνέχεια, η τελική σύνθεση της γόμωσης υπολογίζεται χρησιμοποιώ-

ντας τα κλάσματα μάζας των EGR, RG και αέρα του περιβάλλοντος και τη σύστασή τους, 

όπως περιγράφεται στην Εξ (3.11): 

𝑚𝑡𝑟 =
𝑚̇𝐼𝐴

𝑛𝑐𝑦𝑙 ∙ 𝑁 ∙ 30
∙
1 + 𝑅𝐺

1 − 𝐸𝐺𝑅
 (3.10) 

𝐹𝐴 =
𝑚̇𝐼𝐴
𝑚̇𝑡𝑟

⁡ , 𝐸𝐺𝑅 =
𝑚̇𝐸𝐺𝑅
𝑚̇𝑡𝑟

⁡ , 𝑅𝐺 =
𝑚̇𝑅𝐺
𝑚̇𝑡𝑟

 

𝑦𝑐ℎ𝑗 = 𝐹𝐴 ∙ 𝑦𝑎𝑖𝑟,𝑗 + (𝐸𝐺𝑅 + 𝑅𝐺) ∙ 𝑦𝑒𝑥ℎ,𝑗 

𝑥𝑐ℎ𝑗 =
𝑦𝑐ℎ𝑗

𝑀𝑊𝑗
∙ (∑

𝑦𝑐ℎ𝑗

𝑀𝑊𝑗
𝑗

)

−1

 

𝑀𝑊𝑐ℎ =∑ 𝑥𝑐ℎ𝑗 ∙ 𝑀𝑊𝑗
𝑗

 

(3.11) 
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όπου FA υποδηλώνει το κλάσμα μάζας φρέσκου αέρα, ο δείκτης ch αντιστοιχεί στη γόμωση 

και ο j στα χημικά στοιχεία τα οποία είναι το O2, N2, CO2 and H2O. 

Μοντέλο Ρυθμού Έκλυσης Θερμότητας (HRR) 

Στη συνέχεια αναλύεται το μοντέλο του ρυθμού έκλυσης θερμότητας (HRR). Το 

HRR παρέχει χρήσιμες πληροφορίες σχετικά με την καύση όπως, ο καθορισμός της έναρξης 

της κύριας καύσης, η ανίχνευση των μικρότερων γεγονότων καύσης που οφείλονται σε πι-

λοτική έγχυση ή μετέγχυση, διάκριση της προαναμεμειγμένης (αν υπάρχει) από την καύση 

διάχυσης, παρέχει τη θέση (CA) του μέγιστου HRR του SOC, COC και του EOC. Επιπλέον, 

το HRR προσφέρει μια εποπτεία της εξέλιξης της καύσης στο θάλαμο που είναι ουσιαστική 

για τις διαδικασίες βελτιστοποίησης της καύσης για τη βελτίωση της απόδοσης και τον έ-

λεγχο των εκπομπών του κινητήρα. Το σημαντικότερο όμως είναι η δυνατότητα άμεσου 

υπολογισμού του ρυθμού καύσης, δηλαδή της ποσότητας του καυσίμου που καίγεται κάθε 

στιγμή, ο οποίος προκύπτει από τη διαίρεση του HRR με την κατώτερη θερμογόνο ικανό-

τητα του καυσίμου (LHV). Το προτεινόμενο μοντέλο κάνει χρήση μιας χρονικής διακριτο-

ποίησης του καμένου καυσίμου για τη δημιουργία ζωνών καύσης σε κάθε στιγμή. 

Το μοντέλο HRR που χρησιμοποιείται εδώ, είναι ένα μονοζωνικό, μηδενδιάστατο 

θερμοδυναμικό μοντέλο που υπολογίζει το HRR με τον πρώτο θερμοδυναμικό νόμο χρησι-

μοποιώντας το μετρημένο δυναμοδεικτικό διάγραμμα (πειραματικό HRR). Λόγω του ότι η 

ανάλυση του HRR έχει νόημα μόνο από την αρχή (SOC) έως το τέλος της καύσης (EOC), 

τα σημεία αυτά πρέπει να υπολογιστούν πρώτα. Έτσι η αρχική τιμή του SOC υπολογίζεται 

απευθείας από το δυναμοδεικτικό διάγραμμα όπως θα αναλυθεί στη συνέχεια. Η τελική του 

τιμή προκύπτει από το διάγραμμα του καθαρού HRR (NHRR). Μετά τον τελικό καθορισμό 

του SOC, το EOC υπολογίζεται από το διάγραμμα του καθαρού HRR (NHRR) όπως επίσης 

θα αναλυθεί στη συνέχεια.  

Tο μοριακό βάρος MW [kg/kmol] και ο συνολικός αριθμός των mole (n [kmol]) 

της γόμωσης, υπολογίζονται από την Εξ. (3.12) και Εξ. (3.13) αντιστοίχως: 

Στις προηγούμενες σχέσεις, x [kmol/kmol] είναι το μοριακό κλάσμα του κάθε χημικού στοι-

χείου που περιέχεται στη γόμωση και m [kg] είναι η μάζα της γόμωσης. Πριν το ξεκίνημα 

της καύσης τα x και m καθορίζονται από τις αρχικές συνθήκες. Ο δείκτης ch υποδεικνύει τη 

γόμωση, ο i το τρέχον βήμα CA και ο j τον αύξοντα αριθμό του στοιχείου: (1) για το O2, (2) 

για το N2, (3) για CO2, (4) για το H2O, (5) για το Ar και (6) για το SO2. Για τους οδικούς 

κινητήρες μόνο τα τέσσερα πρώτα στοιχεία χρησιμοποιήθηκαν. 

𝑀𝑊𝑐ℎ,𝑖 =∑𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
𝑗

 (3.12) 

𝑛𝑐ℎ,𝑖 =
𝑚𝑐ℎ
𝑀𝑊𝑐ℎ,𝑖

 (3.13) 
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Η αρχική θερμοκρασία της γόμωσης T [K], δηλαδή η θερμοκρασία ένα βήμα πριν 

το SOC, υπολογίζεται από την καταστατική εξίσωση του τέλειου αερίου όπως περιγράφεται 

στην Εξ. (3.14): 

όπου, p [Pa] και V [m3] είναι η μετρημένη πίεση και ο όγκος του κυλίνδρου αντίστοιχα. 

Κατόπιν, υπολογίζεται η ειδική ενθαλπία hi [J/kmol] της γόμωσης χρησιμοποιώ-

ντας τη θερμοκρασία Ti μέσω πολυωνυμικών προσεγγίσεων [180]. Ένα διαφορετικό σύνολο 

συντελεστών του πολυωνύμου αντιστοιχεί σε κάθε χημικό στοιχείο (j). Έτσι, η συνολική 

ενθαλπία του μείγματος (γόμωση) Hi [J] στο τρέχον υπολογιστικό βήμα δίνεται από την Εξ. 

(3.15): 

Το μοντέλο υπολογίζει το HRR για κάθε υπολογιστικό βήμα γωνίας στροφάλου 

(CA) μέσω μιας επαναληπτικής διαδικασίας, προκειμένου να ληφθεί υπόψη η μεταβολή της 

σύστασης της γόμωσης εξαιτίας της καύσης. 

Όπως αναφέρθηκε, το HRR υπολογίζεται από τον πρώτο θερμοδυναμικό νόμο, 

όπως περιγράφεται στην Εξ. (3.16). Η ενθαλπική αύξηση από το εγχεόμενο καύσιμο και οι 

απώλειες ενθαλπίας που οφείλονται σε διαρροές και την ατμοποίηση του καυσίμου έχουν 

αμεληθεί, γιατί η συμβολή τους είναι μάλλον μικρή [8], ωστόσο, η μεταφορά θερμότητας 

μέσω των τοιχωμάτων του κυλίνδρου λαμβάνεται υπόψη. 

Στις πιο πάνω σχέσεις, το  
𝑑𝑄𝐺

𝑑𝜃
 [J/°] είναι το μεικτό (ή φαινομενικό) HRR (GHRR) 

το οποίο προκύπτει από το άθροισμα του καθαρού HRR (NHRR) και της θερμότητας που 

μεταφέρεται μέσω των τοιχωμάτων του κυλίνδρου που συμβολίζεται ως 
𝑑𝑄𝑤

𝑑𝜃
 [J/°]. Το 

𝑑𝑄𝑤

𝑑𝜃
 

υπολογίζεται με τη φόρμουλα που πρότεινε ο Annand [139] η οποία αναλύεται στη συνέχεια. 

Hsens είναι η αισθητή ενθαλπία της γόμωσης του κυλίνδρου, η οποία προέρχεται όταν η εν-

θαλπία αναφοράς H° αφαιρεθεί από την ολική ενθαλπία H όπως περιγράφεται στην Εξ. 

(3.17): 

Όπου ο εκθέτης k δηλώνει την τρέχουσα επανάληψη για τον υπολογισμό του Hsens. Η συνο-

λική ενθαλπία υπολογίζεται από την Εξ. (3.15). Σημειώνεται ότι η μοριακή σύσταση (x) της 

γόμωσης καθορίζεται από τη χημεία της καύσης και αλλάζει μεταξύ των επαναλήψεων, 

𝑇𝑖 =
𝑝𝑖 ∙ 𝑉𝑖

𝑛𝑐ℎ,𝑖 ∙ 𝑅̅
 (3.14) 

𝐻𝑖 = 𝑛𝑐ℎ,𝑖 ∙ ℎ𝑖 = 𝑛𝑐ℎ,𝑖 ∙∑𝑥𝑗,𝑖 ∙ ℎ𝑗,𝑖(𝑇𝑖)

𝑗

 (3.15) 

𝑑𝑄𝐺
𝑑𝜃

=
𝑑𝐻𝑠𝑒𝑛𝑠
𝑑𝜃

− 𝑉 ∙
𝑑𝑝

𝑑𝜃
+
𝑑𝑄𝑤

𝑑𝜃
 

𝑑𝑄𝐺𝑖
𝑘

𝑑𝜃
=
(𝐻𝑠𝑒𝑛𝑠𝑖

𝑘 − 𝐻𝑠𝑒𝑛𝑠𝑖−1)

∆𝜃
− 𝑉𝑖 ∙ (

𝑑𝑝

𝑑𝜃
)
𝑖
+ (
𝑑𝑄𝑤

𝑑𝜃
)
𝑖

𝑘

 

(3.16) 

𝐻𝑠𝑒𝑛𝑠𝑖
𝑘(𝑥𝑖

𝑘 , 𝑇𝑖
𝑘) = 𝐻𝑖

𝑘 − 𝐻°𝑖
𝑘 = 𝐻𝑖

𝑘(𝑥𝑖
𝑘 , 𝑇𝑖

𝑘) − 𝐻𝑖
𝑘(𝑥𝑖

𝑘, T = 298.15) (3.17) 
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λόγω της εξάρτησής της από την ποσότητα της μάζας του καυσίμου (mf [kg]) που καίγεται 

σε κάθε βήμα CA. Αυτή η μάζα καυσίμου υπολογίζεται απευθείας από το φαινομενικό/πει-

ραματικό HRR όπως περιγράφεται στην Εξ. (3.18): 

Χρησιμοποιώντας τις νέες τιμές των nch και xj που προέκυψαν λόγω της καύσης, 

υπολογίζεται νέα τιμή για τη θερμοκρασία 𝑇𝑖
𝑘 χρησιμοποιώντας την Εξ. (3.14). Από αυτή 

τη θερμοκρασία και σύσταση, μια νέα τιμή για την 𝐻𝑠𝑒𝑛𝑠𝑖
𝑘(𝑥𝑖

𝑘 , 𝑇𝑖
𝑘) υπολογίζεται στο εξετα-

ζόμενο βήμα CA. Αυτή η διαδικασία τερματίζεται όταν η τιμή του καιγόμενου καυσίμου 

στο εξεταζόμενο βήμα CA συγκλίνει. 

Λόγω του θορύβου που εμπεριέχεται στο σήμα της μετρημένης πίεσης, η άμεση 

εκτίμηση της SOC από το HRR, μπορεί να οδηγήσει σε λάθος συμπεράσματα, διότι στους 

υπολογισμούς του HRR ο θόρυβος μεγεθύνεται και θα μπορούσε να προκαλέσει θετικές 

τιμές του HRR νωρίτερα από το πραγματικό SOC, ειδικά σε περιπτώσεις με καθυστερημένη 

έγχυση καυσίμου. Για το λόγο αυτό, η πρώτη εκτίμηση του SOC επιτυγχάνεται απευθείας 

από το μετρημένο δυναμοδεικτικό διάγραμμα, με τρόπο που περιγράφεται στη συνέχεια. 

Εντοπισμός της Έναυσης  

Λαμβάνοντας υπόψη τη βιβλιογραφία π.χ. [217,218,219] και από παρατηρήσεις 

διάφορων τύπων δυναμοδεικτικών διαγραμμάτων και των αντίστοιχων παραγώγων τους, 

συνάχθηκε ότι οι προϋποθέσεις για την εμφάνιση του SOC στην εξεταζόμενη γωνία στρο-

φάλου (CA) είναι: 

 η μεταβολή της δεύτερης παραγώγου της πίεσης να είναι  αύξουσα, δηλαδή: 

1. (
𝑑2𝑝

𝑑𝜃2
)
𝑖
> (

𝑑2𝑝

𝑑𝜃2
)
𝑖−1

 ΚΑΙ 

 Η μεταβολή της παραγώγου (
𝑑

𝑑𝜃
(
𝑑𝑝

𝑑𝜃
)) γίνεται μέγιστη (

𝑑2

𝑑𝜃2
(
𝑑𝑝

𝑑𝜃
) = 0) ή παρου-

σιάζει σημείο καμπής ⁡(
𝑑3

𝑑𝜃3
(
𝑑𝑝

𝑑𝜃
) = 0): 

2. {(
𝑑2𝑝

𝑑𝜃2
)
𝑖
> (

𝑑2𝑝

𝑑𝜃2
)
𝑖+1
} ⁡′𝛨 {(

𝑑4𝑝

𝑑𝜃4
)
𝑖
∙ (
𝑑4𝑝

𝑑𝜃4
)
𝑖−1
< 0}  

Λόγω του ότι τα κριτήρια αυτά μπορεί να ικανοποιούνται και σε άλλες CA και 

ειδικότερα στην περιοχή του άνω νεκρού σημείου (TDC) κυρίως λόγω θορύβου, το παρά-

θυρο στο οποίο δύναται να βρίσκεται το SOC πρέπει να καθοριστεί ορθά πριν την εφαρμογή 

της προαναφερθείσας μεθοδολογίας. Αυτό επιτυγχάνεται ως εξής: Μετριέται ο αριθμός των 

τοπικών ακροτάτων του δυναμοδεικτικού διαγράμματος (
𝑑𝑝

𝑑𝜃
= 0) και των σημείων καμπής 

(
𝑑2𝑝

𝑑𝜃2
= 0) που η καμπύλη πίεσης έχει τα κοίλα προς τα άνω (

𝑑2𝑝

𝑑𝜃2
> 0) μέσα σε ένα παρά-

θυρο γύρω από το TDC (π.χ. -10:+30° ATDC), ξεκινώντας από τα αριστερά του TDC. Αν 

αυτός ο αριθμός είναι μεγαλύτερος από τη μονάδα (δεδομένου ότι όλα τα δυναμοδεικτικά 

διαγράμματα έχουν τουλάχιστον μία κορυφή–τοπικό μέγιστο), αποτελεί ένδειξη ότι το SOC 

𝑚𝑓𝑖
𝑘 =

𝑑𝑄𝐺𝑖
𝑘

𝑑𝜃
∙ ∆𝜃 ∙

1

𝐿𝐻𝑉
 (3.18) 
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εμφανίζεται μετά το TDC. Ως εκ τούτου, η αρχική μεθοδολογία υπολογισμού SOC, υλο-

ποιείται μετά το TDC, ξεκινώντας ένα βήμα CA πριν από εκείνο όπου ο προαναφερόμενος 

αριθμός γίνεται ίσος με δύο. 

Για την περίπτωση που το SOC εμφανίζεται πριν το TDC, γενικά ένα σημείο κα-

μπής ή πιο συγκεκριμένα ένα θετικό τοπικό ελάχιστο της παραγώγου της πίεσης 

((
𝑑𝑝

𝑑𝜃
)
𝑚𝑖𝑛

> 0) εμφανίζεται πριν ή πολύ κοντά στο TDC. Έτσι, σε αυτό το σημείο (CA) 

πρέπει να εκκινήσει η εφαρμογή της μεθόδου για την αρχική εκτίμηση του SOC. Από την 

άλλη, η αντίστοιχη γωνία (CA) εκκίνησης, για τις περιπτώσεις που η καύση ξεκινά αρκετά 

νωρίτερα από το TDC (δηλ. 5–10°), ορίζεται εκεί που παρατηρείται αλλαγή στην κλίση της 

παραγώγου της πίεσης, καθώς η CA αυξάνει προς τα δεξιά. Πιο συγκεκριμένα, αυτή η αλ-

λαγή αντιστοιχεί σε ένα σημείο καμπής του δυναμοδεικτικού⁡(
𝑑2𝑝

𝑑𝜃2
= 0) ακολουθούμενο 

από αύξουσα μεταβολή της παραγώγου της πίεσης⁡(
𝑑2𝑝

𝑑𝜃2
> 0), το οποίο υποδεικνύει ότι η 

καμπύλη της πίεσης έχει τα κοίλα προς τα άνω. 

Αν η θέση εκκίνησης (αριστερό άκρο) της μεθόδου για την αρχική εκτίμηση του 

SOC βρίσκεται πριν το TDC τότε το δεξιό άκρο του παραθύρου αντιστοιχεί στο TDC, ενώ 

αν βρίσκεται μετά το TDC τότε το δεξιό άκρο ορίζεται 30° CA μετά το TDC. Παρόλα αυτά, 

η τελική τιμή του SOC καθορίζεται από το σημείο που το ΝHRR ξενικά να γίνεται θετικό. 

Οι υπολογισμοί για το ΝHRR, ξεκινούν από την υπολογισθείσα αρχική τιμή του SOC. 

Στοιχειομετρία της Καύσης 

Μετά την έναρξη της καύσης, τα προϊόντα της, που προέκυψαν από την  στιγμιαία 

καύση του στοιχειώδους καυσίμου που αντιστοιχεί στο τρέχον διάστημα CA, προστίθενται 

στη γόμωση του κυλίνδρου και ομογενοποιούνται. Η καύση της κάθε στοιχειώδους ποσό-

τητας καυσίμου θεωρείται ιδανική και στοιχειομετρική όπως περιγράφεται στην Εξ.(3.19), 

αμελώντας την επίδραση τις χημικής διάστασης. Ο αριθμός των mole του O2 (𝜈𝑂2 ∙ 𝑚𝑓𝑖
) που 

απαιτούνται για τη στοιχειομετρική οξείδωση του καυσίμου σε κάθε βήμα CA και ο αριθμός 

των mole που προέρχονται από την αντίδραση οξείδωσης, δηλαδή τα προϊόντα καύσης (CO2, 

H2O, SO2, N2), υπολογίζονται με ισοζύγιο των μονοατομικών στοιχείων. Στη συνέχεια, ο 

αριθμός των mole της γόμωσης του κυλίνδρου (nch) προσδιορίζεται ως το άθροισμα του 

αριθμού των mole στο προηγούμενο βήμα και του αριθμού των mole των προϊόντων που 

παράχθηκαν στο τρέχον βήμα, αφαιρώντας τον αριθμό των mole του O2 που χρησιμοποιή-

θηκαν για την καύση, όπως περιγράφεται στην Εξ. (3.20). Τα κλάσματα mole (x) και μάζας 
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(y) των στοιχείων που εμπεριέχονται στη γόμωση και το μοριακό της βάρος στο τρέχον βήμα 

CA (i) υπολογίζονται από την Εξ. (3.21). 

Στην πιο πάνω έκφραση, οι δείκτες m, n, p, q, r [kmol/kg fuel] αντιπροσωπεύουν το περιε-

χόμενο του καυσίμου σε C, H, S, O, N αντίστοιχα και υπολογίζονται από τη διαίρεση των 

αντίστοιχων κλασμάτων μάζας [kg/kg] του καυσίμου και του μοριακού βάρους (MW 

[kg/kmol]) του αντίστοιχου στοιχείου (j). vO2 [kmol O2/kg fuel] είναι ο στοιχειομετρικός 

συντελεστής οξυγόνου που προσδιορίζεται από τη σύνθεση του καυσίμου (βλ. Εξ. (3.19)). 

Ο εκθέτης k υποδηλώνει τον αύξοντα αριθμό της επανάληψης της υπολογιστικής διαδικα-

σίας για τον υπολογισμό της μάζας του καυσίμου. 

Εντοπισμός του Τέλους της Καύσης 

Η ορθή εκτίμηση του EOC είναι σημαντική για τα μοντέλα του HRR και NOx  

διότι επηρεάζει τη διάρκεια της καύσης και τον συντελεστή απωλειών θερμότητας, έτσι 

πρέπει να προσεγγίζεται με όσο το δυνατό μεγαλύτερη ακρίβεια. Αυτό επιτυγχάνεται με τη 

χρήση του καθαρού HRR (NHRR [J/°]), δηλαδή παραλείποντας τον όρο της μεταφοράς θερ-

μότητας από τα τοιχώματα του κυλίνδρου. Το EOC εντοπίζεται στην CA όπου το NHRR 

μειώνεται σημαντικά και γίνεται παράλληλο προς τον οριζόντιο άξονα. Η προτεινόμενη με-

θοδολογία ξεκινά στην CA, όπου εμφανίζεται το 85% της μέγιστης τιμής του σωρευτικού 

καθαρού HR (CNHR). Από αυτό το σημείο και μετά, η τιμή του NHRR στο τρέχον βήμα CA 

εξομαλύνεται περαιτέρω χρησιμοποιώντας τη μέθοδο «moving average», όπως φαίνεται 

στην Εξ. (3.22): 

𝐶𝑚𝐻𝑛𝑆𝑝𝑂𝑞𝑁𝑟 + 𝜈𝑂2𝑂2 ⁡→ 𝑚𝐶𝑂2 +
𝑛

2
𝐻2𝑂 + 𝑝𝑆𝑂2 +

𝑟

2
𝑁2 

𝜈𝑂2 = (𝑚 +
𝑛

4
+ 𝑝 −

𝑞

2
) 

(3.19) 

𝑛𝑐ℎ𝑖
𝑘 = 𝑛ch𝑖−1 + (𝑚 +

𝑛

2
+ 𝑝 +

𝑟

2
− 𝜈𝑂2) ∙ 𝑚𝑓𝑖

𝑘 = 𝑛ch𝑖−1 + (
𝑛

4
+
𝑟

2
−
𝑞

2
) ∙ 𝑚𝑓𝑖

𝑘 (3.20) 

𝑥𝑗𝑖
𝑘 =

𝑛𝑗𝑖
𝑘

𝑛𝑐ℎ𝑖
𝑘
 

𝑀𝑊𝑐ℎ𝑖
𝑘 =∑ 𝑥𝑗𝑖

𝑘 ∙ 𝑀𝑊𝑗
𝑗

 

𝑦𝑗𝑖
𝑘 = 𝑥𝑗𝑖

𝑘 ∙
𝑀𝑊𝑗

𝑀𝑊𝑐ℎ𝑖
𝑘 

(3.21) 

𝑁𝐻𝑅𝑅𝑠𝑖 =
1

2 ∙ 𝑊𝑠 + 1
∑ 𝑁𝐻𝑅𝑅𝑖+𝑙

𝑙=𝑊𝑠

𝑙=−𝑊𝑠

 (3.22) 
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όπου (2Ws+1) είναι το παράθυρο δειγμάτων για την εξομάλυνση και ο δείκτης s υποδεικνύει 

τις εξομαλυνόμενες τιμές. Όταν το εξεταζόμενο σημείο (𝑁𝐻𝑅𝑅𝑠𝑖) είναι μικρότερο από ένα 

κατώφλι (3% του NHRRmax), τότε υπολογίζεται ο μέσος όρος (𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟) και η τυπική 

απόκλιση ενός αριθμού από τις ακόλουθες διαδοχικές τιμές του NHRR (𝑁𝐻𝑅𝑅𝑠). Αν ο μέ-

σος όρος αυτών των τιμών ⁡𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟 , συμπεριλαμβανομένου του πρώτου, δηλ. του 

𝑁𝐻𝑅𝑅𝑠𝑖, είναι μικρότερος από αυτό το κατώφλι ή η τυπική απόκλιση αυτών των τιμών γίνει 

μικρότερη από το 20% του⁡𝑁𝐻𝑅𝑅𝑠𝑎𝑣𝑒𝑟, τότε η διαδικασία τερματίζεται και το τρέχον βήμα 

CA (i) αντιστοιχεί στο EOC. 

Μοντέλα Συναλλαγής Θερμότητας 

Για τη μεταφορά θερμότητας⁡
𝑑𝑄𝑤

𝑑𝜃
 [J/°] μέσω των τοιχωμάτων του κυλίνδρου, 

τόσο στο μοντέλο του HR όσο και για το μοντέλο του NO, χρησιμοποιήθηκε το μοντέλο του 

Annand [8,9,139,140]. Το μοντέλο αυτό περιγράφεται στην Εξ. (3.23):  

όπου Acyl [m2] είναι η συνολική επιφάνεια του θαλάμου καύσης στο τρέχον βήμα (i), N [rpm] 

είναι οι στροφές του κινητήρα, D [m] η διάμετρος του κυλίνδρου, Re ο αριθμός Reynolds, 

T [K] και Tw [K] είναι η θερμοκρασία της γόμωσης/ζώνης και των τοιχωμάτων αντίστοιχα 

και  είναι η σταθερά του Stefan Boltzmann (=5.6704*10-8 [W/m2 K4]). Η θερμική αγω-

γιμότητα (k [W/m/K]) και η δυναμική συνεκτικότητα ([Pa s]) του κάθε χημικού στοιχείου 

(j) που περιέχεται στο μείγμα, υπολογίζονται με πολυωνυμικές προσεγγίσεις [221] που είναι 

συναρτήσεις της θερμοκρασίας. Τα k και μ του μείγματος υπολογίζονται μέσω των Εξ. (3.24) 

και Εξ. (3.25) αντιστοίχως, οι οποίες λήφθησαν από τις αναφορές [222,223]. 

Για τον υπολογισμό του αριθμού Reynolds (Re) χρησιμοποιήθηκε η μέση ταχύτητα του εμ-

βόλου Sp [m/s] [9]. Η πυκνότητα του μείγματος kg/m3] υπολογίζεται ως ο λόγος της μά-

ζας της γόμωσης/ζώνης και του όγκου του κυλίνδρου/ζώνης στο τρέχον βήμα CA (i). Οι 

παράμετροι A, k, , Sp, , T, Re μεταβάλλονται σε κάθε βήμα. Η μέση θερμοκρασία των 

τοιχωμάτων θεωρήθηκε σταθερή στους 450 Κ [8,224,101,225]. Οι τιμές των σταθερών b 

και c διατηρούνται σταθερές δηλ. b=0.75 για όλο το κλειστό κύκλο, c=0 and c=0.576 πριν 

(
𝑑𝑄𝑤

𝑑𝜃
)
𝑖
=
𝐴𝑐𝑦𝑙𝑖
6 ∙ 𝑁

∙ [𝑎 ∙
𝑘𝑖
𝐷
∙ 𝑅𝑒𝑖

𝑏 ∙ (𝑇𝑖 − 𝑇𝑤) + 𝑐 ∙ 𝜎 ∙ (𝑇𝑖
4 − 𝑇𝑤

4)] 

𝑅𝑒 =
𝑆𝑝𝑖 ∙ 𝐷. 𝜌𝑖
𝜇𝑖

 

(3.23) 

𝑘𝑖 =
∑ 𝑥𝑗,𝑖 ∙ 𝑘𝑗,𝑖 ∙ 𝑀𝑊𝑗

1/3
𝑗

∑ 𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
1/3

𝑗

 (3.24) 

𝜇𝑖 =
∑ 𝑥𝑗,𝑖 ∙ 𝜇𝑗,𝑖 ∙ 𝑀𝑊𝑗

1/2
𝑗

∑ 𝑥𝑗,𝑖 ∙ 𝑀𝑊𝑗
1/2

𝑗

 (3.25) 
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και μετά το SOC [8,9,225,146,143,226]. Εν τέλει, η σταθερά βαθμονομείται χρησιμοποιώ-

ντας μια τροποποιημένη μορφή της μεθόδου εσφαλμένης θέσης (regula falsi) [227] προκει-

μένου να ικανοποιήσει τον περιορισμό που περιγράφεται στην Εξ. (3.26). 

Στην πιο πάνω σχέση, LHV είναι η κατώτερη θερμογόνος ικανότητα του καυσίμου, ο όρος 

του αθροίσματος αντιστοιχεί στο CGHR το οποίο υπολογίζεται με την Εξ. (3.16) και mf 

[kg/cycle] είναι η ποσότητα του εγχεόμενου καυσίμου ανά κύκλο στον κύλινδρο, η οποία 

είναι δεδομένη. 

Αν είναι διαθέσιμα τα δυναμοδεικτικά όλων των κυλίνδρων τότε μπορεί να υπο-

λογιστεί διαφορετικός συντελεστής α για κάθε κύλινδρο. Ο υπολογισθείς με αυτό τον τρόπο 

συντελεστής α, μαζί με τους σταθερούς συντελεστές b και c χρησιμοποιούνται επίσης και 

στο μοντέλο NO στον υπολογισμό της θερμοκρασίας των ζωνών. Προφανώς, όσον αφορά 

στην άκαυστη ζώνη, ο συντελεστής c (μεταφορά θερμότητας με ακτινοβολία) είναι πάντοτε 

μηδενικός κατά τη διάρκεια του κύκλου. 

Μοντέλο υπολογισμού των NO 

Στη συνέχεια, το μοντέλο NO εφαρμόζεται από το SOC μέχρι το άνοιγμα της 

βαλβίδας εξαγωγής (EVO). Το σκεπτικό του μοντέλου απεικονίζεται στο Σχ. 3.1. Τα αστέρια 

αντιστοιχούν στη γέννηση των ζωνών. Η πρώτη ζώνη δημιουργείται στο SOC. Κάθε ζώνη 

προσδιορίζεται από τη στοιχειώδη μάζα καυσίμου που καίγεται στο αντίστοιχο διάστημα 

CA, όπως καθορίστηκε από τον ρυθμό καύσης, όπως φαίνεται στο Σχ. 3.2 καθώς και από 

την απαιτούμενη αντίστοιχη ποσότητα μάζας άκαυστης γόμωσης. Αυτή η μάζα προσδιορί-

ζεται χρησιμοποιώντας μια εμπειρική συσχέτιση που παρέχει τον λόγο ισοδυναμίας της ζώ-

νης (Φ), η οποία θα αναλυθεί στη συνέχεια. Μετά τη δημιουργία της, η ζώνη συνεχίζει να 

εξελίσσεται μέσα στον κύλινδρο παράλληλα με τη δημιουργία/εξέλιξη των άλλων ζωνών 

μέχρι το EVO, έχοντας το δικό της ιστορικό χημικής σύστασης, θερμοκρασίας και όγκου. 

Οι ζώνες θεωρούνται εσωτερικά ομοιογενείς. Ο υπολογισμός της θερμοκρασίας κάθε ζώνης 

βασίζεται στον πρώτο θερμοδυναμικό νόμο, λαμβάνοντας υπόψη τη μεταφορά θερμότητας 

μεταξύ ζώνης και τοιχωμάτων του κυλίνδρου. Κάθε ζώνη συμβάλλει στο σχηματισμό ΝΟ 

από τη δημιουργία της, μέχρι το EVO. Τα NO μέσα σε κάθε ζώνη υπολογίζονται με τον 

μηχανισμό Extended Zeldovich [29,30]. Ο υπολογισμός της σύστασης ισορροπίας γίνεται 

με τη βοήθεια ενός σχήματος χημικής διάστασης [228]. Η πτώση της θερμοκρασίας λόγω 

της χημικής διάστασης λαμβάνεται υπόψη. Η πίεση όλων των ζωνών θεωρείται ομοιόμορφη 

σε κάθε CA και ισούται με την αντίστοιχη μετρούμενη. Μετά το τέλος της καύσης (EOC), 

η παραγωγή ζωνών τερματίζεται αλλά οι υπάρχουσες ζώνες συνεχίζουν να εξελίσσονται 

μέχρι το EVO. Οι εξελισσόμενες ζώνες απεικονίζονται στο Σχ. 3.1 ως κενά τετράγωνα. 

Μέσω αυτής της προσέγγισης, το ιστορικό NO κάθε ζώνης υπολογίζεται (δηλαδή το NO vs. 

𝑚𝑓𝑐𝑦𝑙
=

1

𝐿𝐻𝑉
∙ ∑ (

𝑑𝑄𝑁
𝑑𝜃

+
𝑑𝑄𝑤

𝑑𝜃
)
𝑖
∙ ∆𝜃

𝐸𝑂𝐶

𝑖=𝑆𝑂𝐶

 

𝑚𝑓𝑐𝑦𝑙
=

1

𝐿𝐻𝑉
∙ ∑ (

𝑑𝑄𝐺
𝑑𝜃
)
𝑖
∙ ∆𝜃

𝐸𝑂𝐶

𝑖=𝑆𝑂𝐶

 

(3.26) 
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CA) όπως φαίνεται στο Σχ. 3.3. Το άθροισμα των ποσών NO που σχηματίστηκε στις υπάρ-

χουσες ζώνες σε κάθε χρονικό βήμα CA παρέχει το ιστορικό NO του κυλίνδρου, όπως φαί-

νεται στο Σχ. 3.4. Συνεπώς, το άθροισμα των ΝΟ της κάθε ζώνης στο EVO παρέχει τη συ-

νεισφορά του εξεταζόμενου κυλίνδρου στις τελικές εκπομπές NO του κινητήρα. 

 

Σχήμα 3.1: Το σενάριο του προτεινόμενου μοντέλου NO – 

Δημιουργία και εξέλιξη των ζωνών. 

 

Σχήμα 3.2: Υπολογισμός του καυσίμου που καίγεται σε ένα 

συγκεκριμένο διάστημα γωνίας στροφάλου. 
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Σχήμα 3.3: Ιστορικό του NO σε συγκεκριμένες ζώνες 

από τη δημιουργία τους μέχρι το EVO. 

Σχήμα 3.4: Ιστορικό των συνολικών NO μέσα στον 

κύλινδρο σε συνάρτηση με τη γωνία στροφάλου. 

Η άκαυστη ζώνη είναι η πηγή από την οποία οι ζώνες καύσης, κατά τη δημιουργία 

τους, αντλούν την απαιτούμενη ποσότητα άκαυστης γόμωσης για την καύση του καυσίμου 

που περιλαμβάνεται σε κάθε ζώνη. Η χημική σύσταση της άκαυστης ζώνης θεωρείται στα-

θερή σε όλον τον κλειστό κύκλο αφού ούτε ανάμειξη και ανταλλαγή θερμότητας με τις ζώ-

νες καύσης αλλά ούτε και χημική διάσταση των προϊόντων λαμβάνει χώρα. Η πίεση της 

άκαυστης ζώνης ισούται με την επικρατούσα πίεση εντός του κυλίνδρου στο τρέχον βήμα 

CA. Ο όγκος της ζώνης άκαυστου (V [m3]) προσδιορίζεται ως η διαφορά του τρέχοντος 

όγκου του κυλίνδρου και του αθροίσματος των όγκων των ζωνών καύσης, όπως περιγράφε-

ται στην Εξ. (3.27): 

όπου ο δείκτης i συμβολίζει το βήμα CA, ο ub την άκαυστη ζώνη, ο b τις καιόμενες ζώνες, 

ο cyl τον κύλινδρο και ο z τον αύξοντα αριθμό της ζώνης. 

Η θερμοκρασία της άκαυστης ζώνης, η οποία χρησιμοποιείται ως θερμοκρασία 

των αντιδρώντων στους υπολογισμούς κατά τη δημιουργία μιας ζώνης καύσης, υπολογίζε-

ται σε κάθε βήμα CA (i) μέσω του πρώτου θερμοδυναμικού νόμου, χρησιμοποιώντας μια 

επαναληπτική διαδικασία (ο εκθέτης k δηλώνει τον αύξοντα αριθμό της επανάληψης) που 

εμπεριέχει τις Εξ. (3.28) και (3.29).  Η διαδικασία τερματίζεται όταν επιτευχθεί σύγκλιση. 

Στην πιο πάνω σχέση, h [J/kmol] είναι η ενθαλπία της άκαυστης ζώνης η οποία είναι συ-

νάρτηση της χημικής σύστασης και της θερμοκρασίας της. Ο αριθμός των mole (n [kmol]) 

που εμπεριέχονται στον όγκο της άκαυστης ζώνης (𝑉𝑢𝑏𝑖) προσδιορίζεται από τη διαφορά 
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 (3.27) 

ℎ𝑖
𝑘 =

𝑛𝑖−1 ∙ ℎ𝑖−1 + 𝑑𝑝𝑖 ∙
(𝑉𝑢𝑏𝑖−1 + 𝑉𝑢𝑏𝑖)

2 − 𝑛𝑜𝑢𝑡 ∙
(ℎ𝑖−1 + ℎ𝑖

𝑘−1)
2 − 𝑑𝑄𝑤𝑖

𝑘

𝑛𝑖
 

𝑛𝑖 = 𝑛𝑖−1 − 𝑛𝑜𝑢𝑡 

(3.28) 
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μεταξύ του αριθμού των mole του προηγούμενου βήματος CA (i-1) και το ποσού που μετα-

φέρθηκε (nout) από την άκαυστη ζώνη στη ζώνη καύσης που δημιουργείται στο τρέχον βήμα 

CA (i). 

Το dQw [J] (𝑑𝑄𝑤 =
𝑑𝑄𝑤

𝑑𝜃
∙ ∆𝜃) είναι η συναλλαγή θερμότητας με τα τοιχώματα 

του κυλίνδρου, η οποία υπολογίζεται χρησιμοποιώντας το μοντέλο του Annand. Ωστόσο, 

υιοθετήθηκε μια τροποποίηση στη φόρμουλα αυτή, δηλ. η τρέχουσα επιφάνεια του κυλίν-

δρου Acyli [m2] πολλαπλασιάζεται με 
𝑉𝑢𝑏𝑖

𝑘

𝑉𝑐𝑦𝑙𝑖
 [109] ώστε να αντιπροσωπεύεται η ισοδύναμη 

διεπιφάνεια μεταξύ ζώνης και τοιχωμάτων. 

Εν τέλει, η θερμοκρασία της άκαυστης ζώνης Tub υπολογίζεται μέσω της μεθόδου 

Newton–Raphson [229] όπως περιγράφεται στην Εξ. (3.29): 

όπου cp [J/kmol/K] η ειδική θερμοχωρητικότητα σε σταθερή πίεση (𝑐𝑝 = (
𝑑ℎ

𝑑𝑇
)
𝑝
) της ά-

καυστης ζώνης. 

Κατά τη δημιουργία της ζώνης καύσης, η θερμοκρασία της – θερμοκρασία προϊ-

όντων καύσης (Tp [K]) – υπολογίζεται με τον πρώτο θερμοδυναμικό νόμο, χρησιμοποιώ-

ντας μια επαναληπτική διαδικασία που περιλαμβάνει την μέθοδο Newton-Raphson [229] 

όπως περιγράφεται στην Εξ. (3.30). Η διαδικασία τερματίζεται όταν η Tp συγκλίνει σε μια 

τιμή. Σημειώνεται ότι η μάζα της κάθε ζώνης παραμένει σταθερή. 

όπου hr [J/kg] και hp [J/kg] είναι η ενθαλπία των αντιδρώντων και προϊόντων αντίστοιχα. 

Η hr είναι συνάρτηση της σύστασης και της θερμοκρασίας της άκαυστης ζώνης στο εξετα-

ζόμενο βήμα CA (i), όπως έχει αναφερθεί. Η υπολογισμός της σύστασης της ζώνης καύσης 

που χρησιμοποιείται μαζί με την Tp στον υπολογισμό της hp, θα αναλυθεί στη συνέχεια.   

Ο όγκος της ζώνης υπολογίζεται από την καταστατική εξίσωση των τέλειων αε-

ρίων, όπως περιγράφεται στην Εξ. (3.31): 

Στις δύο πιο πάνω σχέσεις, p [Pa] είναι η μετρημένη πίεση κυλίνδρου, dp [Pa] είναι το 

διαφορικό της πίεσης (
𝑑𝑝

𝑑𝜃
∙ ∆𝜃) και το dqw [J/kg] είναι το διαφορικό της μεταφοράς θερμό-

τητας μέσω των τοιχωμάτων του κυλίνδρου (

𝑑𝑄𝑤

𝑚𝑧

𝑑𝜃
∙ ∆𝜃) που υπολογίζεται με το μοντέλο του 

𝑇𝑢𝑏𝑖
𝑘 = 𝑇𝑢𝑏𝑖

𝑘−1 −
ℎ𝑖
𝑘 − ℎ𝑖

𝑘−1

𝑐𝑝𝑖
𝑘−1  (3.29) 

𝑇𝑝𝑧𝑖
𝑘 = 𝑇𝑝𝑧𝑖

𝑘−1 −
ℎ𝑝𝑧𝑖

𝑘−1 − ℎ𝑟𝑧𝑖 + 𝑑𝑞𝑤𝑧𝑖
𝑘−1 − 𝑉𝑧𝑖

𝑘−1 ∙ 𝑑𝑝𝑖/𝑚𝑧

𝑐𝑝𝑧𝑖
𝑘−1

 (3.30) 

𝑉𝑧𝑖
𝑘−1[𝑚3] =

𝑚𝑧 ∙ 𝑅̅ ∙ 𝑇𝑝𝑖
𝑘−1

𝑝𝑖 ∙ 𝑀𝑊𝑧𝑖
𝑘−1  (3.31) 
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Annand, όπου ομοίως με την άκαυστη ζώνη, η επιφάνεια του κυλίνδρου Acyli πολλαπλα-

σιάζεται με 
𝑉𝑧𝑖
𝑘−1

𝑉𝑐𝑦𝑙𝑖
 [109]. 

Στη συνέχεια, η ζώνη καύσης συνεχίζει να εκτονώνεται ή να συμπιέζεται (ανά-

λογα με την παράγωγο της πίεσης του κυλίνδρου) σύμφωνα με τον πρώτο θερμοδυναμικό 

νόμο μέχρι το EVO. Συνεπώς, σε κάθε βήμα CA (i), οι τιμές του όγκου (V [m3]), της χημικής 

σύστασης (x), του αριθμού των mole (n [kmol]), του μοριακού βάρους (MW [kg/kmol]), της 

ενθαλπίας (h [J/kmol]) και της θερμοκρασίας (T [K]) της εξεταζόμενης ζώνης (z) υπολογί-

ζονται από μια επαναληπτική διαδικασία χρησιμοποιώντας όμοιο σκεπτικό με αυτό της ά-

καυστης ζώνης, ωστόσο, εδώ η χημική διάσπαση λαμβάνεται υπόψη, δεδομένου ότι η θερ-

μοκρασία της ζώνης είναι σημαντικά αυξημένη. Η ενθαλπία της ζώνης υπολογίζεται από 

την Εξ. (3.32) και η θερμοκρασία της μέσω της μεθόδου Newton–Raphson [229] όπως πε-

ριγράφεται στην Εξ. (3.33): 

Οι αρχικές τιμές για την επαναληπτική διαδικασία προέρχονται από τις τελικές τιμές του 

προηγούμενου βήματος CA (i-1). Η διαδικασία τερματίζεται όταν η θερμοκρασία (Τ) συ-

γκλίνει σε μια τιμή. 

Η αρχική σύσταση της καμένης ζώνης, η οποία χρησιμοποιείται σαν είσοδος στο 

υπομοντέλο της χημικής διάστασης για τον καθορισμό της τελικής σύστασης χημικής σύ-

στασης ισορροπίας, υπολογίζεται από την Εξ. (3.34) με ισοζύγιο των mole των μονοατομι-

κών στοιχείων: 

όπου Mj και xj,ch είναι το jth χημικό στοιχείο της εισερχόμενης στη ζώνη γόμωσης και το 

αντίστοιχο κλάσμα mole και O2 [kmol/kg fuel] είναι ο στοιχειομετρικός συντελεστής O2 

που υπολογίζεται βάση της σύστασης του καυσίμου που χρησιμοποιήθηκε. Η εισερχόμενη 

γόμωση αποτελείται από αέρα περιβάλλοντος, παραμένον (RG) και ανακυκλοφορούμενο 

(EGR) καυσαέριο. Η θεώρηση είναι όμοια με αυτήν που χρησιμοποιήθηκε στο μοντέλο του 

HRR (βλ. Εξ. (3.21)), μόνο που εδώ η καύση γίνεται με τον θεωρητικό λόγο ισοδυναμίας 

ℎ𝑧𝑖
𝑘 =

𝑛𝑧𝑖−1 ∙ ℎ𝑧𝑖−1 + 𝑑𝑝𝑖 ∙
(𝑉𝑧𝑖−1 + 𝑉𝑧𝑖

𝑘)
2 − 𝑑𝑄𝑤𝑧𝑖

𝑘

𝑛𝑧𝑖
𝑘

 
(3.32) 

𝑇𝑧𝑖
𝑘 = 𝑇𝑧𝑖

𝑘−1 −
ℎ𝑧𝑖
𝑘 − ℎ𝑧𝑖

𝑘−1

𝑐𝑝𝑧𝑖
𝑘−1

 (3.33) 

𝐶𝑚𝐻𝑛𝑆𝑝𝑂𝑞𝑁𝑟 +
𝜈𝑂2
𝛷
(𝑂2 +∑

𝑥𝑗,𝑐ℎ

𝑥𝑂2,𝑐ℎ𝑗

𝑀𝑗) → 𝑚𝐶𝑂2 +
𝑛

2
𝐻2𝑂 + 𝑝𝑆𝑂2 +

𝑟

2
𝑁2 

+
𝜈𝑂2
𝛷
((1 − 𝛷)𝑂2 +∑

𝑥𝑗,𝑐ℎ

𝑥𝑂2,𝑐ℎ𝑗

𝑀𝑗) 

𝜈𝑂2 = (𝑚 +
𝑛

4
+ 𝑝 −

𝑞

2
) 

(3.34) 
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της ζώνης Φz και όχι τον στοιχειομετρικό. Το Φz υπολογίζεται από μια εμπειρική σχέση που 

θα αναλυθεί στη συνέχεια. 

Γνωρίζοντας τη μάζα του καυσίμου (mf [kg]) που αντιστοιχεί σε κάθε ζώνη και 

το Φz, που είναι σταθερό για όλες τις ζώνες, μπορεί να υπολογιστεί η μάζα (m [kg]) της 

ζώνης από την Εξ. (3.35): 

Όπου AFRst είναι ο στοιχειομετρικός λόγος μάζας άκαυστης γόμωσης και καυσίμου και 

ych,O2 είναι το κλάσμα μάζας O2 της άκαυστης γόμωσης (ch). 

Υπολογισμός του Λόγου Ισοδυναμίας στις Ζώνες 

Ο λόγος ισοδυναμίας της ζώνης (Φz) καθορίζει τη σύσταση και τον όγκο της. 

Αυτές οι παράμετροι έχουν σημαντική επίδραση στο σχηματισμό των NO μέσα στη ζώνη. 

Έτσι, διεξήχθη εκτεταμένη έρευνα για τη διερεύνηση της μεταβολής των NO με το Φz. Αυτή 

η έρευνα έδειξε ότι το Φz που χρησιμοποιείται εισάγει υψηλή ευαισθησία στο μοντέλο. Ω-

στόσο για συγκεκριμένες τιμές του Φz (υποδηλώνονται ως Φ*), επιτυγχάνεται σύμπτωση 

μετρημένων και υπολογισμένων τιμών NO (ή ισοδύναμων NOx), δηλ.⁡
𝑐𝑎𝑙𝑐.𝑁𝑂

𝑚𝑒𝑎𝑠.𝑁𝑂
= 1. Μετέ-

πειτα, έγινε προσπάθεια συσχέτισης των τιμών Φ* με λειτουργικές παραμέτρους του κινη-

τήρα και με παραμέτρους που προκύπτουν από την επεξεργασία του δυναμοδεικτικού δια-

γράμματος και την ανάλυση του HRR. Έτσι, χρησιμοποιώντας μεθόδους πολλαπλής παρεμ-

βολής [241,242,243], προέκυψε το ακόλουθο πολυώνυμο για τον υπολογισμό του Φz (στα-

θερό για όλες τις ζώνες), που περιγράφεται στην Εξ. (3.36). Οι συντελεστές του (c0, c1, … 

c6) παίρνουν αντιστοίχως δύο τιμές, μια για τους οδικούς και μια για τους μεγάλης κλίμακας 

κινητήρες. 

Στην πιο πάνω σχέση, p είναι η πίεση, P και Sp είναι η ισχύς του κινητήρα και η μέση ταχύ-

τητα εμβόλου αντίστοιχα, TDC [°ABDC] (BDC≡0°) και COC [°ABDC] είναι το άνω νεκρό 

𝑚𝑧 = (
𝐴𝐹𝑅𝑆𝑇
𝛷

+ 1) ∙ 𝑚𝑓𝑖
 

𝐴𝐹𝑅𝑆𝑇 =
𝜈𝑂2 ∙ 𝑀𝑊𝑂2
𝑦𝑐ℎ𝑂2

 

(3.35) 

𝛷𝑧 = 𝑐0 + 𝑐1 ∙ (
𝑝𝑐𝑜𝑚𝑝𝑟.𝑠𝑡𝑎𝑟𝑡

𝑝𝑎𝑚𝑏
)
−1

+ 𝑐2 ∙ (
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛
𝑝𝑎𝑚𝑏

)
−1

+ 𝑐3 ∙
𝑝𝑐𝑜𝑚𝑏.𝑚𝑎𝑥
𝑝𝑆𝑂𝐶𝑚𝑎𝑖𝑛

+ 

+𝑐4 ∙
𝐶𝑂𝐶

𝑇𝐷𝐶
+ 𝑐5 ∙ 𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 + 𝑐6 ∙

𝑆𝑝

𝑆𝑝𝑟𝑒𝑓
+ 𝑐7 ∙

𝑃

𝑃𝑟𝑒𝑓
 

(3.36) 
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σημείο και το μέσο της καύσης και eng. overall είναι ο ολικός λόγος ισοδυναμίας του κινητήρα 

όπως ορίζεται στην Εξ. (3.37): 

𝛷𝑒𝑛𝑔.𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =
𝑚̇𝑓𝑒𝑛𝑔
𝑚̇𝐼𝐴

∙
𝜈𝑂2 ∙ 𝑀𝑊𝑂2
𝑦𝑎𝑚𝑏𝑂2

 (3.37) 

όπου 𝑚̇𝑓𝑒𝑛𝑔
 και 𝑚̇𝐼𝐴 είναι η ολική παροχή [kg/h] καυσίμου και  αέρα περιβάλλοντος του 

κινητήρα αντίστοιχα και 𝑦𝑎𝑚𝑏𝑂2
= 0.232 είναι το τυπικό κλάσμα μάζας του O2 του αέρα 

περιβάλλοντος. Αποδείχθηκε ότι η χρήση αυτής της εμπειρικής σχέσης βελτιώνει ποιοτικά 

τις προβλέψεις εκπομπών NOx του μοντέλου. 

Μοντέλο Χημικής Διάστασης 

Όπως αναφέρθηκε πιο πάνω στον υπολογισμό της θερμοκρασίας της ζώνης καύ-

σης, κατά τον σχηματισμό και την εξέλιξη της, λαμβάνεται υπόψη η χημική διάσπαση των 

προϊόντων της καύσης. Αυτός μηχανισμός έχει ως αποτέλεσμα την αισθητή μείωση της θερ-

μοκρασίας καύσης, δεδομένου ότι οι περισσότερες από τις αντιδράσεις της είναι ενδόθερμες. 

Το προτεινόμενο μοντέλο κάνει χρήση ενός συστήματος χημικής διάστασης [230,228,147] 

που εμπλέκει 12 στοιχεία ((1) O2 για φτωχό σε καύσιμο ή (12) C12H26 για πλούσιο σε καύ-

σιμο μείγμα, (2) N2, (3) CO2, (4) H2O, (5) H, (6) H2, (7) N, (8) NO, (9) O, (10) OH, (11) CO). 

Σύμφωνα με αυτό το σχήμα υπολογίζεται επίσης η σύσταση χημικής ισορροπίας της κάθε 

ζώνης καύσης. 

Για τον υπολογισμό των συγκεντρώσεων ισορροπίας των προαναφερθέντων 

στοιχείων σε κάθε ζώνη και σε κάθε βήμα CA, χρησιμοποιούνται οι πέντε εξισώσεις διατή-

ρησης των mole που περιγράφουν την καύση για το σύστημα C–H–O–N, σε συνδυασμό με 

επτά αντιδράσεις χημικής διάσπασης. 

Για τις αντιδράσεις αυτές υιοθετείται η υπόθεση της χημικής ισορροπίας. Έτσι, 

αξιοποιούνται οι σχέσεις ορισμού της σταθεράς ισορροπίας (Kp) της κάθε αντίδρασης και 

η υπολογισμένη τιμή του Kp μέσω της μεθόδου ελαχιστοποίησης της ελεύθερης ενέργειας 

Gibbs. Ο Kp της κάθε αντίδρασης ορίζεται από την Εξ. (3.38) [8,231]: 

όπου ο λόγος p/p0 είναι η κανονικοποιημένη πίεση, p [Pa] είναι η τρέχουσα πίεση του κυ-

λίνδρου και p0 = 105 [Pa] είναι η πίεση αναφοράς. 

𝐾𝑝 = (
𝑝

𝑝0
)
∑ 𝜈𝑗,𝑝−𝜈𝑗,𝑟𝑗

∙∏ 𝑥
𝑗

𝜈𝑗,𝑝−𝜈𝑗,𝑟 =
𝑗

 

=
(
𝑝
𝑝0
)
𝜈1,𝑝+𝜈2,𝑝+⋯+𝜈11,𝑝

(
𝑝
𝑝0
)
𝜈1,𝑟+𝜈2,𝑟+⋯+𝜈11,𝑟

∙
𝑥1,𝑝
𝜈1,𝑝 ∙ 𝑥2,𝑝

𝜈2,𝑝 ∙ ⋯ 𝑥11,𝑝
𝜈11,𝑝

𝑥1,𝑟
𝜈1,𝑟 ∙ 𝑥2,𝑟

𝜈2,𝑟 ∙ ⋯ 𝑥11,𝑟
𝜈11,𝑟

 

(3.38) 
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Μέσω της μεθόδου ελαχιστοποίησης της ελεύθερης ενέργειας Gibbs, μπορεί να 

προσδιοριστεί η τιμή του Kp όπως περιγράφεται στην Εξ. (3.39): 

Ο αδιάστατος λόγος ⁡
𝑔0𝑗(𝑇)

𝑅̅∙𝑇
 υπολογίζεται με τη χρήση πολυωνύμων [180] για τη θερμοκρα-

σία της τρέχουσας ζώνης (T) και για κάθε στοιχείο (j) που συμμετέχει στην εξεταζόμενη 

χημική αντίδραση. 

Το σύστημα των 12 εξισώσεων και των 12 αγνώστων (11 συστάσεις και ο αριθ-

μός των mole των προϊόντων), μετά από μαθηματική επεξεργασία, λύνεται με τη μέθοδο 

Newton–Raphson [233]. Η λεπτομερής περιγραφή της μεθοδολογίας που ακολουθήθηκε πε-

ριγράφεται στην αναφορά: [147] και [234]. 

Αφού υπολογιστεί η σύσταση και η θερμοκρασία της ζώνης το μοντέλο προχωρεί 

στον υπολογισμό του αριθμού των mole των NO που παρήχθησαν σε ένα κύκλο, θεωρώντας 

ότι είναι αντιπροσωπευτικά του συνόλου των NOx, το οποίο συνήθως αντιστοιχεί στην πραγ-

ματικότητα. Όσον αφορά στους οδικούς κινητήρες, όπου υπήρχαν διαθέσιμες μετρήσεις NO 

[ppmv], γίνεται απευθείας σύγκριση με τα αποτελέσματα του μοντέλου. Αντίθετα, στους 

κινητήρες μεγάλης κλίμακας που οι διαθέσιμες μετρήσεις δίνονται σε ισοδύναμο NOx που 

αντιστοιχεί σε NO2 σύμφωνα με την αναφορά [46], οι τιμές NO που εξαγάγει το μοντέλο 

μετατρέπονται σε ισοδύναμο NOx χρησιμοποιώντας το μοριακό βάρος του NO2. 

Μηχανισμός Σχηματισμού των NOx Zeldovich 

Ο μηχανισμός για το σχηματισμό των NO θεωρήθηκε ελεγχόμενος από χημική 

κινητική [8,30,31]. Ο μηχανισμός που χρησιμοποιήθηκε είναι ο Extended Zeldovich [30] 

[29] του οποίου οι χημικές αντιδράσεις που τον περιγράφουν δίνονται στον Πίνακα 3.1: 

Χημική αντίδραση 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁 

𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂 

𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻 

Πίνακας 3.1: Χημικές αντιδράσεις 

του σχηματισμού των NO. 

Σύμφωνα με αυτό το σχήμα, οι συγκεντρώσεις των O2, N2, H, O και OH μέσα 

στη ζώνη βρίσκονται σε χημική ισορροπία. 

Στη συνέχεια, ο μηχανισμός σχηματισμού των ΝΟ που χρησιμοποιείται από το 

παρόν μοντέλο για τον υπολογισμό του αριθμού των mole του NO [kmol] σε κάθε ζώνη (z) 

και βήμα CA (i) συνοψίζεται στην Εξ. (3.40): 

𝐾𝑝(𝑇) = 𝑒
−∑

𝑔0𝑗(𝑇)∙(𝜈𝑗,𝑝−𝜈𝑗,𝑟)

𝑅̅∙𝑇𝑗  
(3.39) 

(
𝑑𝑁𝑂

𝑑𝜃
)
𝑧𝑖

= (
𝑑[𝑁𝑂]

𝑑𝑡
)
𝑧𝑖

∙ 𝑉𝑧𝑖 ∙
𝑑𝑡

𝑑𝜃
= 2 ∙ (1 − 𝛼2) ∙

𝑅1
𝑒𝑞

1 + 𝛼 ∙
𝑅1
𝑒𝑞

𝑅2
𝑒𝑞 + 𝑅3

𝑒𝑞

∙
𝑉𝑧𝑖
6 ∙ 𝑁

 
(3.40) 
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όπου [NO] είναι η συγκέντρωση των NO [kmol/m3], V [m3] ο όγκος της κάθε ζώνης, N [rpm] 

είναι οι στροφές του κινητήρα, α είναι ο λόγος 
[𝑁𝑂]

[𝑁𝑂]𝑒𝑞
 (όπου ο δείκτης eq υποδηλώνει την 

χημική ισορροπία) και Req [kmol/m3/s] είναι οι ρυθμοί αντίδρασης ισορροπίας που υπολο-

γίζονται με τη χρήση των συστάσεων χημικής ισορροπίας [kmol/m3] των εμπεριεχομένων 

στη ζώνη στοιχείων και των αντίστοιχων σταθερών του ρυθμού χημικής ισορροπίας (k 

[m3/kmol/s]) της κάθε αντίδρασης του Πίνακα 3.1. Οι σταθερές αυτές προέρχονται από τις 

πειραματικές μελέτες των R. K. Hanson και S. Salimian που παρουσιάζονται στην αναφορά 

[236]. Το στιγμιαίο ποσό των NO [Kmol] που σχηματίζονται σε κάθε ζώνη υπολογίζεται 

από την ολοκλήρωση της Εξ. (3.40) στον κύκλο (σύμφωνα με το βήμα CA dθ), μέχρι το 

EVO, χρησιμοποιώντας τη μέθοδο Euler [237]. Με αυτό τον τρόπο, λαμβάνεται το ιστορικό 

σχηματισμού του NO της κάθε ζώνης. Αθροίζοντας τα NO που περιέχονται σε όλες τις ζώνες, 

σε κάθε χρονικό βήμα CA (i), προκύπτει το ιστορικό των NO του κυλίνδρου. Έτσι στο EVO 

το άθροισμα αυτό δίνει τις τελικές εκπομπές NO [Kmol]. 

Βαθμονόμηση του Μοντέλου 

Παρόλο που το μοντέλο συλλαμβάνει την τάση του ΝΟ που σχηματίζεται στους 

οδικούς κινητήρες και στους κινητήρες μεγάλης κλίμακας που εξετάστηκαν, όταν οι λει-

τουργικές τους παράμετροι ή οι ρυθμίσεις τους τροποποιήθηκαν, εφαρμόστηκε ένας πολλα-

πλασιαστής κλίμακας (SF) (μόνο στους κινητήρες μεγάλης κλίμακας) στις εξαγόμενες από 

το μοντέλο τιμές, όπως περιγράφεται την Εξ. (3.41) ώστε τα αποτελέσματα να βελτιωθούν 

ποσοτικά. Αυτός ο πολλαπλασιαστής είναι σταθερός και μοναδικός για κάθε κινητήρα και 

υπολογίζεται από τον λόγο της μετρημένης και υπολογισμένης τιμής των NO, σε ένα συγκε-

κριμένο σημείο λειτουργίας (σημείο βαθμονόμησης (c)), όπως περιγράφεται στην Εξ. (3.42): 

όπου οι δείκτες i και eng δηλώνουν το σημείο λειτουργίας και τον εξεταζόμενο κινητήρα 

αντίστοιχα. 

Στους οδικούς κινητήρες που εξετάστηκαν δεν χρησιμοποιείται ο πολλαπλασια-

στής αυτός για τη διόρθωση των αποτελεσμάτων, μιας και η μέση τιμή των λόγων μετρημέ-

νων προς υπολογισμένων τιμών (Εξ. (3.42)) προσεγγίζει τη μονάδα. Τα αποτελέσματα του 

μοντέλου παρουσιάζονται στο επόμενο κεφάλαιο. 

𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖 = ⁡𝑐𝑎𝑙𝑐. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖 ∙ 𝑆𝐹𝑒𝑛𝑔 (3.41) 

𝑆𝐹𝑒𝑛𝑔 =
𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑒𝑛𝑔,𝑖=𝑐

𝑐𝑎𝑙𝑐. 𝑁𝑂𝑥𝑒𝑛𝑔,𝑖=𝑐
 (3.42) 
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Κεφάλαιο 4 ΕΦΑΡΜΟΓΗ ΤΟΥ ΠΡΟΤΕΙΝΟΜΕΝΟΥ 

ΜΟΝΤΕΛΟΥ 

Εφαρμογή του Μοντέλου σε Κινητήρες Μεγάλης Κλίμακας 

Τα αποτελέσματα από την εφαρμογή του προτεινόμενου μοντέλου παρουσιάζο-

νται στο τέταρτο κεφάλαιο. Αρχικά, εξετάζεται η ικανότητα του μοντέλου να προβλέπει τις 

εκπομπές NOx στους κινητήρες μεγάλης κλίμακας, καθώς το φορτίο/στροφές του κινητήρα, 

η προπορεία έγχυσης καυσίμου και ο τύπος του καυσίμου μεταβάλλονται. 

Οι μετρήσεις που χρησιμοποιήθηκαν, λήφθηκαν σε πλοία και σε ηλεκτροπαρα-

γωγούς σταθμούς δύο ελληνικών νησιών [56], σε πραγματικές συνθήκες, από την ερευνη-

τική ομάδα του εργαστηρίου μηχανών εσωτερικής καύσης (ICE) του ΕΜΠ. Οι μετρήσεις 

πραγματοποιήθηκαν σε δεκαέξι διαφορετικούς κινητήρες Diesel μεγάλης κλίμακας. Αυτοί 

οι κινητήρες κατηγοριοποιούνται σε δίχρονους και τετράχρονους, σταθερών και μεταβλη-

τών στροφών. Χρησιμοποιήθηκαν συνολικά 89 περιπτώσεις/σημεία λειτουργίας. 

Οι μετρήσεις  πραγματοποιήθηκαν με τη χρήση συστήματος συσκευής και λογι-

σμικού που αναπτύχθηκε στο εργαστήριο. Το σύστημα χρησιμοποιήθηκε, επίσης, για την 

επεξεργασία των μετρημένων δεδομένων, την εκτίμηση της ισχύος και την κατανάλωση 

καυσίμου του κινητήρα. Η μεθοδολογία που χρησιμοποιήθηκε έχει εγκριθεί από την 

MARPOL [208]. Οι μετρήσεις των αέριων ρύπων (O2, CO2, CO, NOx, SO2, H2O) στα καυ-

σαέρια έγιναν με τη βοήθεια του φορητού αναλυτή “Testo 350 maritime”, ο οποίος είναι 

επίσης εγκεκριμένος από την MARPOL [244]. 

Στη συνέχεια αξιολογείται η ικανότητα του προτεινόμενου μοντέλου να συλλαμ-

βάνει την τάση των εκπομπών NOx με τη μεταβολή της ισχύος του κινητήρα (δηλ. του φορ-

τίου), αλλά και να προσεγγίζει επαρκώς τις απόλυτες τιμές των εκπομπών των NOx για τους 

κινητήρες μεγάλης κλίμακας. 

 Αρχικά παρουσιάζονται τα αποτελέσματα για τους κινητήρες των σταθμών πα-

ραγωγής ενέργειας οι οποίοι λειτουργούν σε σταθερές στροφές. Για τον κινητήρα Α, ο ο-
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ποίος είναι δίχρονος, δύο σειρές μετρήσεων ήταν διαθέσιμες, οι οποίες έγιναν σε διαφορε-

τικές περιόδους με διαφορετικές ρυθμίσεις του κινητήρα και συνθήκες περιβάλλοντος. Τα 

αποτελέσματα απεικονίζονται στο Σχ. 4.1 και Σχ. 4.2: 

  

Σχήμα 4.1: Πρώτη σειρά μετρήσεων για τον 

κινητήρα A. Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος του κινητήρα για δύο 

διαφορετικές ρυθμίσεις προπορείας. 

Σχήμα 4.2: Δεύτερη σειρά μετρήσεων (2a) για τον 

κινητήρα A. Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος του κινητήρα για δύο 

διαφορετικές ρυθμίσεις προπορείας. 

Τα αποτελέσματα για τον κινητήρα B, ο οποίος είναι του ίδιου τύπου με τον A, 

παρουσιάζονται στο Σχ. 4.3. Σε αυτά τα σχήματα φαίνεται ότι, παρά τη μικρή μείωση των 

NOx με την καθυστέρηση έγχυσης, το μοντέλο μπορεί να συλλάβει αυτή τη μεταβολή. 

 

Σχήμα 4.3: Υπολογισμένες και μετρημένες τιμές NOx έναντι 

της ισχύος του κινητήρα για δύο διαφορετικές ρυθμίσεις 

προπορείας για τον κινητήρα B. 

Στο Σχ. 4.4 και Σχ. 4.5 φαίνονται τα αποτελέσματα για τον κινητήρα J, ο οποίος 

είναι του ίδιου τύπου με τους κινητήρες A και B (με δύο κυλίνδρους λιγότερους) και για τον 

τετράχρονο κινητήρα P. Το συμπέρασμα από αυτά τα σχήματα είναι ότι το μοντέλο κατα-
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φέρνει να συλλάβει τη μεταβολή των NOx με την ισχύ του κινητήρα και για τους δύο κινη-

τήρες (J and P). Επιπλέον, από τα Σχ. 4.1 – 4.5 συνάγεται ότι τα NOx αυξάνονται ανάλογα 

με το φορτίο του κινητήρα, όπως αναμενόταν. 

  

Σχήμα 4.4: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα J. 

Σχήμα 4.5: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα P. 

Στη συνέχεια παρουσιάζονται τα αποτελέσματα για τους δίχρονους κινητήρες 

πρόωσης πλοίων που εξετάστηκαν. Στο Σχ. 4.6 παρουσιάζονται τα αποτελέσματα τριών τέ-

τοιων κινητήρων του ίδιου τύπου (D, E και L) αλλά εγκατεστημένων σε διαφορετικά πλοία. 

Το Σχ. 4.6, δείχνει ότι παρόλο που οι τιμές των NOx διαφέρουν για κάθε κινητήρα, η μετα-

βολή των NOx έναντι του φορτίου είναι όμοια για τους κινητήρες D και E σε αντίθεση με 

τον κινητήρα L που παρουσιάζει πιο απότομη μεταβολή. Όπως φαίνεται το μοντέλο μπορεί 

να συλλάβει αυτές τις μεταβολές ικανοποιητικά. 

Στο Σχ. 4.7, δύο διαφορετικές σειρές μετρήσεων για τον κινητήρα K είναι διαθέ-

σιμες: εν–πλω μετρήσεις και μετρήσεις εργαστηρίου (shop–test). Όπως φαίνεται στο Σχ. 4.7 

η μεταβολή των NOx με το φορτίο του κινητήρα στην πρώτη περίπτωση είναι ελαφρώς πιο 

απότομη. Στη συνέχεια, στα Σχ. 4.8 – 4.12 παρουσιάζονται τα αποτελέσματα της εφαρμογής 

του μοντέλου στους κινητήρες C και F – I που είναι, επίσης, δίχρονοι κινητήρες πρόωσης 

πλοίου. Είναι εμφανής η αύξηση των NOx με την αύξηση του φορτίου αλλά με διαφορετική 

κλίση αναλόγως της περίπτωσης και του κινητήρα. Ειδικά στο Σχ. 4.11, φαίνεται η αύξηση 
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των NOx λόγω αύξησης της προπορείας εγχύσεως του κινητήρα. Όπως αποδεικνύεται το 

μοντέλο προσεγγίζει ικανοποιητικά τις τάσεις και τις απόλυτες τιμές των πειραματικών NOx. 

  

Σχήμα 4.6: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τους κινητήρες D, E, και 

L. 

Σχήμα 4.7: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι της ισχύος για τον κινητήρα K: μετρήσεις εν–

πλω (O.B.) και εργαστηριακές μετρήσεις (S.T.). 

 

  

Σχήμα 4.8: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα C. 

Σχήμα 4.9: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι της ισχύος για τον κινητήρα F. 
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Σχήμα 4.10: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι της ισχύος για τον κινητήρα G. 

 

  

Σχήμα 4.11: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα H για δύο 

διαφορετικές ρυθμίσεις προπορείας. 

Σχήμα 4.12: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα I. 

Στο Σχ. 4.13 – 4.15 παρουσιάζονται τα αποτελέσματα για τρεις τετράχρονους κι-

νητήρες Diesel σταθερών στροφών (M, N, O αντίστοιχα) που είναι εγκατεστημένοι σε δια-

φορετικά πλοία και χρησιμοποιούνται για την παραγωγή ηλεκτρισμού για τις ανάγκες του 

5000 10000 15000 20000 25000
Engine Power [kW]

0

20

40

60

80

N
O

x
 [

g
/c

y
cl

e]

Engine G

Meas. NOx

Calc. NOx

10000 15000 20000 25000 30000
Engine Power [kW]

0

20

40

60

80

100

120

N
O

x
 [

g
/c

y
cl

e]

Engine H

Meas. NOx, SOI: Default

Meas. NOx, SOI: Advanced

Calc. NOx, SOI: Default

Calc. NOx, SOI: Advanced

9000 10000 11000 12000 13000 14000
Engine Power [kW]

0

5

10

15

20

25

30

35

40
N

O
x
 [

g
/c

y
cl

e]

Engine I

Meas. NOx

Calc. NOx



Σάββα Σ. Νικόλαος – Διδακτορική Διατριβή 

302 

πλοίου. Από τα γραφήματα αυτά, αποδεικνύεται η ικανότητα του μοντέλου να συλλαμβάνει 

και τις τάσεις και τις απόλυτες τιμές για αυτόν τον τύπο κινητήρων. 

 

Σχήμα 4.13: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι της ισχύος για τον κινητήρα M. 

 

  

Σχήμα 4.14: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα N. 

Σχήμα 4.15: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της ισχύος για τον κινητήρα O. 

Το γενικό συμπέρασμα από την παρατήρηση των Σχ. 4.1 – 4.15 είναι η σχεδόν 

γραμμική μεταβολή των NOx με το φορτίο του κινητήρα. Επίσης, αποδεικνύεται η ικανότητα 

του μοντέλου να προβλέπει τόσο τις τάσεις όσο και τις απόλυτες τιμές των NOx έναντι του 

φορτίου του κινητήρα και για τους δύο τύπους κινητήρων που εξετάστηκαν, δηλ. δίχρονους 

και τετράχρονους. 

Στη συνέχεια, εξετάζεται η ικανότητα του μοντέλου να συλλαμβάνει τη μεταβολή 

του NOx με την αλλαγή της προπορείας έγχυσης στους κινητήρες μεγάλης κλίμακας. Η μεί-

ωση της προπορείας έγχυσης είναι συνήθης πρακτική για τη μείωση των NOx σε αυτές τις 

εφαρμογές. Η αλλαγή της προπορείας έγχυσης αντικατοπτρίζεται στην αλλαγή της γωνίας 

στροφάλου όπου ξεκινά η καύση (SOC). 

Τα αποτελέσματα για τους δίχρονους κινητήρες ηλεκτροπαραγωγής (σταθερών 

στροφών) φαίνονται στα Σχ. 4.16 – 4.18. Σε αυτούς τους κινητήρες έχει γίνει καθυστέρηση 
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έγχυσης (μείωση προπορείας) μέχρι και ~3 oCA για διάφορα φορτία. Τα αποτελέσματα υ-

ποδεικνύουν μια σχεδόν γραμμική μεταβολή (μείωση) των NOx με την καθυστέρηση έγχυ-

σης. Παρατηρείται, επίσης, ότι η κλίση αυτής της μεταβολής γίνεται ελαφρώς πιο απότομη 

με την αύξηση του φορτίου. 

  

Σχήμα 4.16: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της αρχής της καύσης (SOC) για τον 

κινητήρα A: 1η σειρά μετρήσεων. 

Σχήμα 4.17: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της αρχής της καύσης (SOC) για τον 

κινητήρα A: 2η σειρά μετρήσεων (2a). 

 

 

Σχήμα 4.18: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι της αρχής της καύσης (SOC) για τον κινητήρα B. 

Τα αποτελέσματα για τους ναυτικούς κινητήρες πρόωσης G και H (μεταβλητών 

στροφών) απεικονίζονται στο Σχ. 4.19 και 4.20 αντιστοίχως. Από το Σχ. 4.19, φαίνεται πως 

δεν υπάρχει ουσιαστική μεταβολή των NOx με την προπορεία έγχυσης. Για τον κινητήρα H 
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το μοντέλο προσεγγίζει ικανοποιητικά την τάση των NOx καθώς η προπορεία έγχυσης με-

ταβάλλεται. 

  

Σχήμα 4.19: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της αρχής της καύσης (SOC) για τον 

κινητήρα G. 

Σχήμα 4.20: Υπολογισμένες και μετρημένες τιμές 

NOx έναντι της αρχής της καύσης (SOC) για τον 

κινητήρα H. 

Στη συνέχεια, εξετάζεται η μεταβολή των εκπομπών NOx όταν ο τύπος του καυ-

σίμου αλλάζει από HFO σε DFO (κατά τη διάρκεια της λειτουργίας του κινητήρα). Στο Σχ. 

4.21, απεικονίζεται η μεταβολή των NOx με την αύξηση του περιεχομένου του καυσίμου σε 

DFO: 

 

Σχήμα 4.21: Υπολογισμένες και μετρημένες τιμές NOx 

έναντι του περιεχομένου του καυσίμου σε DFO στον 

κινητήρα A. 
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ποιητικά την τάση και τις απόλυτες τιμές των NOx, καθώς το κλάσμα μάζας του DFO στο 

καύσιμο αυξάνεται ενώ το αντίστοιχο του HFO μειώνεται. 

Εν τέλει, παρουσιάζεται η στατιστική ανάλυση του συνόλου (89) των περιπτώ-

σεων (i) που εξετάστηκαν προκειμένου να αξιολογηθούν τα αποτελέσματα του μοντέλου. 

Για το λόγο αυτό, υπολογίζεται το απόλυτο (ErrorABS) και σχετικό σφάλμα (ErrorREL [%]) 
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μεταξύ των υπολογισμένων από το μοντέλο (calibr.NOx) και των αντίστοιχων μετρημένων 

τιμών NOx (meas.NOx), από τις Εξ. (4.1) και (4.2) αντίστοιχα: 

𝐸𝑅𝑅𝑂𝑅𝐴𝐵𝑆𝑖 = ⁡𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑖 −𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖 (4.1) 

𝐸𝑅𝑅𝑂𝑅𝑅𝐸𝐿𝑖 =⁡
𝑐𝑎𝑙𝑖𝑏𝑟. 𝑁𝑂𝑥𝑖 −𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖

𝑚𝑒𝑎𝑠.𝑁𝑂𝑥𝑖
∙ 100 (4.2) 

Στον Πίνακα 4.1 παρουσιάζεται το ποσοστό από τις περιπτώσεις που εξετάστη-

καν, των οποίων το σφάλμα εμπίπτει σε μια συγκεκριμένη ζώνη σφάλματος: 

Περιπτώσεις Σχετικό σφάλμα (±) Απόλυτο σφάλμα (±) 

[%] [%] [g/cycle] [g/kg fuel] [g/kWh] 

24 0–0 0–0.0 0–0.5 0–0.1 

49 0–5 0–0.5 0–2.5 0–0.5 

74 0–10 0–1.0 0–6.8 0–1.3 

85 0–15 0–3.5 0–9.9 0–1.9 

93 0–20 0–7.0 0–13.6 0–2.6 

98 0–25 0–10.4 0–15.4 0–3.1 

Πίνακας 4.1: Ανάλυση σχετικού και απόλυτου σφάλματος των αποτελεσμάτων του 

μοντέλου για τους κινητήρες μεγάλης κλίμακας που εξετάστηκαν. 

Όπως φαίνεται στον Πίνακα 4.1, περίπου το 74% των περιπτώσεων που εξετά-

στηκαν παρουσιάζουν σχετικό σφάλμα μεταξύ του ±10% το οποίο θεωρείται ικανοποιητικό. 

Εφαρμογή του Μοντέλου σε Οδικούς Κινητήρες 

Στη συνέχεια, το μοντέλο εφαρμόστηκε στους ακόλουθους οδικούς κινητήρες 

Diesel: ένα φορτηγού βαρέος τύπου (D1) και ένα αυτοκινήτου (D2). Και οι δύο αυτοί κινη-

τήρες είναι υπερπληρωμένοι, τετράχρονοι, χρησιμοποιούν σύστημα άμεσης έγχυσης (DI) 

και κοινού αυλού και ανακυκλοφορία καυσαερίων (EGR) για τον έλεγχο των εκπομπών NOx. 

Επιπλέον, ο κινητήρας του αυτοκινήτου χρησιμοποιεί πιλοτική έγχυση καυσίμου. 

Οι μετρήσεις για αυτές τις μηχανές, είναι εργαστηριακές και λήφθηκαν στα πλαί-

σια ενός ευρωπαϊκού προγράμματος στις εγκαταστάσεις της AVL και του ETH και χρησι-

μοποιήθηκαν για την αξιολόγηση του μοντέλου όσον αφορά στις προβλέψεις των εκπομπών 

NO στους οδικούς κινητήρες. 

Για τον κινητήρα D1 εξετάστηκαν τα 35 σημεία λειτουργίας που ορίζονται από 

τον κύκλο Extended European Stationary Cycle (EESC) και επιπλέον για το σημείο λειτουρ-

γίας μέσου φορτίου και στροφών (1800 rpm / 86 kW) εξετάστηκαν τα σημεία (25) που προ-

κύπτουν από τη μεταβολή της ρύθμισης του χρονισμού της έγχυσης καυσίμου (SOI), του 

ποσοστού EGR, της πίεσης έγχυσης και της πίεσης σάρωσης. 
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Για τον κινητήρα D2, εξετάστηκαν τα σημεία (72) που προκύπτουν από τη μετα-

βολή της ρύθμισης του χρονισμού της έγχυσης καυσίμου (SOI), του ποσοστού EGR, της 

πίεσης έγχυσης και της πίεσης σάρωσης για τα ακόλουθα τρία σημεία λειτουργίας: 2000 

rpm και 29.4 kW, 2500 rpm και 18.3 kW και 2500 rpm και 31.4 kW. 

Αρχικά παρουσιάζονται τα αποτελέσματα του μοντέλου από την εφαρμογή του 

στον κινητήρα D1. Πρώτα εξετάζονται τα σημεία λειτουργίας που καθορίζονται από τον 

κύκλο EESC. Η σύγκριση των υπολογισμένων και μετρημένων τιμών των NO σε συνάρτηση 

με το φορτίο του κινητήρα για διάφορες στροφές από 1400 ‒ 2200 rpm, παρουσιάζεται στα 

Σχ. 4.22 – 4.26: 

  

Σχήμα 4.22: Μεταβολή των NO με το φορτίο στις 

1400 rpm για τον κινητήρα D1. 

Σχήμα 4.23: Μεταβολή των NO με το φορτίο στις 

1600 rpm για τον κινητήρα D1. 

 

  

Σχήμα 4.24: Μεταβολή των NO με το φορτίο στις 1800 rpm 

για τον κινητήρα D1. 
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Σχήμα 4.25: Μεταβολή των NO με το φορτίο στις 

2000 rpm για τον κινητήρα D1.. 

Σχήμα 4.26: Μεταβολή των NO με το φορτίο στις 

2200 rpm για τον κινητήρα D1. 

Από τα Σχ. 4.22 – 4.26 αποδεικνύεται ότι το προτεινόμενο μοντέλο συλλαμβάνει 

την τάση της μεταβολής των NO με το φορτίο. Η τάση αυτή είναι σχεδόν γραμμική και 

μειώνεται με την αύξηση της ταχύτητας του κινητήρα. Επίσης, το μοντέλο προσεγγίζει ικα-

νοποιητικά και τις απόλυτες τιμές των NO στα περισσότερα σημεία λειτουργίας που εξετά-

στηκαν. 

Στη συνέχεια, εξετάζεται η ικανότητα του μοντέλου να συλλάβει τη μεταβολή 

του NO για διαφορετικές ρυθμίσεις του κινητήρα, δηλ. του SOI, του ποσοστού ανακυκλο-

φορίας καυσαερίων (EGR), της πίεσης έγχυσης καυσίμου και της πίεσης αέρα στην πολλα-

πλή εισαγωγής. Στο Σχ. 4.27– 4.30, απεικονίζεται η σύγκριση των τιμών NO όπως υπολογί-

στηκαν από το μοντέλο, και των αντίστοιχων μετρημένων για τις μεταβολές των προανα-

φερθεισών παραμέτρων: 

  

Σχήμα 4.27: Μεταβολή των NO με την ρύθμιση 

SOI στις 1800 rpm & 86 kW για τον κινητήρα D1. 

Σχήμα 4.28: Μεταβολή των NO με το ποσοστό 

EGR στις 1800 rpm & 86 kW για τον κινητήρα D1. 
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Σχήμα 4.29: Μεταβολή των NO με την πίεση 

έγχυσης καυσίμου στις 1800 rpm & 86 kW για τον 

κινητήρα D1. 

Σχήμα 4.30: Μεταβολή των NO με την πίεση αέρα 

στην πολλαπλή εισαγωγής στις 1800 rpm & 86 kW 

για τον κινητήρα D1. 

Από τα Σχ. 4.27– 4.30 συνάγεται ότι το μοντέλο είναι ικανό να συλλάβει την τάση 

των ΝΟ όταν μεταβάλλεται το SOI, το ποσοστό EGR, η πίεση έγχυσης καυσίμου και η πίεση 

στην πολλαπλή εισαγωγής (πίεση σάρωσης). Οι απόλυτες τιμές των NO προσεγγίζονται ι-

κανοποιητικά. Όπως φαίνεται στο Σχ. 4.27 οι εκπομπές των NO μειώνονται εκθετικά με την 

καθυστέρηση έγχυσης. Στο Σχ. 4.28, φαίνεται μια γραμμική μείωση των NO με την αύξηση 

του ποσοστού EGR. Επιπλέον, στο Σχ. 4.29 φαίνεται ότι η αύξηση της πίεσης έγχυσης προ-

καλεί μια γραμμική αύξηση των NO. Επίσης από το Σχ. 4.30 φαίνεται μια γραμμική αύξηση 

των NO με την αύξηση της πίεσης του αέρα σάρωσης. 

Στη συνέχεια υπολογίζεται το απόλυτο και σχετικό σφάλμα (Εξ. (4.1) και (4.2)) 

των αποτελεσμάτων του μοντέλου για τον κινητήρα D1. Στον Πίνακα 4.2, παρουσιάζεται 

το ποσοστό από τις περιπτώσεις που εξετάστηκαν, των οποίων το σφάλμα εμπίπτει σε μια 

συγκεκριμένη ζώνη σφάλματος: 

Περιπτώσεις Σχετικό σφάλμα (±) Απόλυτο σφάλμα (±) 

[%] [%] [mg/cycle] [g/kg fuel] [g/kWh] 

5 0–1 0–0.0 0–0.0 0–0.0 

22 0–5 0–0.2 0–0.4 0–0.1 

42 0–10 0–0.3 0–0.9 0–0.2 

68 0–15 0–0.7 0–1.9 0–0.4 

83 0–20 0–1.0 0–2.8 0–0.6 

87 0–25 0–1.1 0–2.8 0–0.6 

93 0–30 0–1.4 0–3.4 0–0.7 

98 0–40 0–2.0 0–4.0 0–0.9 

Πίνακας 4.2: Ανάλυση σχετικού και απόλυτου σφάλματος των αποτελεσμάτων του 

μοντέλου για τον κινητήρα D1. 
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Όπως φαίνεται στον Πίνακα 4.2 το 83% των περιπτώσεων που εξετάστηκαν  πα-

ρουσιάζουν σχετικό σφάλμα μέχρι ±20% το οποίο μπορεί να θεωρηθεί ικανοποιητικό για τη 

συγκεκριμένη εφαρμογή όπου οι απόλυτες τιμές των NO είμαι πολύ χαμηλές (ειδικά όταν 

συγκρίνονται με αυτές των κινητήρων μεγάλης κλίμακας). Εδώ σημειώνεται ότι δεν έγινε 

βαθμονόμηση (δηλ. χρήση διορθωτικού πολλαπλασιαστή), όπως έγινε στους κινητήρες με-

γάλης κλίμακας. 

Στη συνέχεια, εξετάζεται ο κινητήρας ελαφρού τύπου (D2) του επιβατικού αυτο-

κινήτου. Οι υπολογιζόμενες από το μοντέλο τιμές των NO καθώς το ποσοστό του EGR με-

ταβάλλεται, για τρία διαφορετικά σημεία λειτουργίας του κινητήρα αυτού, συγκρίνονται με 

τις αντίστοιχες πειραματικές και παρουσιάζονται στα Σχ. 4.31 – 4.33: 

 

Σχήμα 4.31: Μεταβολή των NO με το ποσοστό EGR στις 

2000 rpm & 29.4 kW για τον κινητήρα D2. 

 

  

Σχήμα 4.32: Μεταβολή των NO με το ποσοστό 

EGR στις 2500 rpm & 18.3 kW για τον κινητήρα 

D2. 

Σχήμα 4.33: Μεταβολή των NO με το ποσοστό 

EGR στις 2500 rpm & 31.4 kW για τον κινητήρα 

D2. 

Όπως καταδεικνύεται στα πιο πάνω γραφήματα, το μοντέλο επιτυγχάνει να προ-

βλέψει την τάση των NO με την μεταβολή του ποσοστού EGR. Η τάση αυτή είναι φθίνουσα 

με την αύξηση του ποσοστού EGR και προσεγγιστικά γραμμική. Η κλίση της γίνεται πιο 

απότομη με την αύξηση του φορτίου (βλ. Σχ. 4.32 και 4.33) και τη μείωση των στροφών 

του κινητήρα (βλ. Σχ. 4.31 και 4.33). 
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Η σύγκριση υπολογισμένων και των αντίστοιχων μετρημένων τιμών των εκπο-

μπών NO, καθώς η πίεση έγχυσης μεταβάλλεται, για τρία διαφορετικά σημεία λειτουργίας 

του κινητήρα D2, απεικονίζεται στο Σχ. 4.34 – 4.36: 

  

Σχήμα 4.34: Μεταβολή των NO με την πίεση έγχυσης 

καυσίμου στις 2000 rpm & 29.4 kW για τον κινητήρα D2. 

 

  

Σχήμα 4.35: Μεταβολή των NO με την πίεση 

έγχυσης καυσίμου στις 2500 rpm & 18.3 kW για 

τον κινητήρα D2. 

Σχήμα 4.36: Μεταβολή των NO με την πίεση 

έγχυσης καυσίμου στις 2500 rpm & 31.4 kW για 

τον κινητήρα D2. 

Όπως αποδεικνύεται από τα Σχ. 4.34 – 4.36, το μοντέλο προσεγγίζει αρκετά καλά 

την τάση των NO η οποία είναι προσεγγιστικά γραμμική και ελαφρώς αύξουσα με την αύ-

ξηση της πίεσης έγχυσης. Παρόλα αυτά, το μοντέλο αδυνατεί να συλλάβει ιδανικά την τάση 

των NO στις 2500 rpm όπως φαίνεται στα Σχ. 4.34 – 4.36, παρότι προσεγγίζει πολύ καλά 

τις απόλυτες τιμές. Αυτό οφείλεται κυρίως στις πολύ μικρές απόλυτες τιμές και στη μικρή 

μεταβολή των μετρημένων NO με την πίεση έγχυσης για το εύρος που εξετάστηκε. 
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Κατόπιν, γίνεται σύγκριση των υπολογισμένων από το μοντέλο τιμών NO με τις 

αντίστοιχες πειραματικές καθώς ο χρονισμός έγχυσης (SOI) μεταβάλλεται, για τρία διαφο-

ρετικά σημεία λειτουργίας του κινητήρα D2. Η σύγκριση αυτή παρουσιάζεται στα Σχ. 4.37 

– 4.39: 

  

Σχήμα 4.37: Μεταβολή των NO με την ρύθμιση SOI στις 

2000 rpm & 29.4 kW για τον κινητήρα D2. 

 

  

Σχήμα 4.38: Μεταβολή των NO με την ρύθμιση 

SOI στις 2500 rpm & 18.3 kW για τον κινητήρα 

D2. 

Σχήμα 4.39: Μεταβολή των NO με την ρύθμιση 

SOI στις 2500 rpm & 31.4 kW για τον κινητήρα 

D2. 

Από τα Σχ. 4.37 – 4.39, αποδεικνύεται η δυνατότητα του μοντέλου να συλλαμ-

βάνει την τάση των NO με την μεταβολή του SOI. Οι απόλυτες τιμές των NO, επίσης, προ-

σεγγίζονται ικανοποιητικά. Όπως φαίνεται, για τα υψηλότερα φορτία η μείωση των εκπο-

μπών NO με το SOI (μείωση προπορείας) είναι πιο έντονη. 

Εν τέλει, στα Σχ. 4.40 – 4.42, απεικονίζεται η σύγκριση των υπολογισμένων από 

το μοντέλο τιμών των εκπομπών NO με τις αντίστοιχες πειραματικές καθώς η πίεση του 
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αέρα σάρωσης στην πολλαπλή εισαγωγής μεταβάλλεται, για τρία διαφορετικά σημεία λει-

τουργίας του κινητήρα D2: 

  

Σχήμα 4.40: Μεταβολή των NO με την πίεση του αέρα στην 

πολλαπλή εισαγωγής στις 2000 rpm & 29.4 kW για τον 

κινητήρα D2. 

 

  

Σχήμα 4.41: Μεταβολή των NO με την πίεση του 

αέρα στην πολλαπλή εισαγωγής στις 2500 rpm & 

18.3 kW για τον κινητήρα D2. 

Σχήμα 4.42: Μεταβολή των NO με την πίεση του 

αέρα στην πολλαπλή εισαγωγής στις 2500 rpm & 

31.4 kW για τον κινητήρα D2. 

Από τα Σχ. 4.40 – 4.42 αποκαλύπτεται η ικανότητα του μοντέλου να προσεγγίσει 

ικανοποιητικά την τάση των NO με την πίεση του αέρα σάρωσης, παρότι παρατηρείται μια 

μικρή απόκλιση στις απόλυτες τιμές των NO. Η τάση αυτή είναι πρακτικά γραμμική με 

αύξουσα κλίση καθώς η πίεση του αέρα σάρωσης αυξάνει. Η κλίση αυτή μειώνεται με την 

αύξηση των στροφών και αυξάνεται με την αύξηση του φορτίου του κινητήρα. 

Στη συνέχεια, υπολογίζεται το απόλυτο και σχετικό σφάλμα (Εξ. (4.1) και (4.2)) 

των αποτελεσμάτων του μοντέλου για τον κινητήρα D2. Στον Πίνακα 4.3, παρουσιάζεται 
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το ποσοστό από τις περιπτώσεις που εξετάστηκαν, των οποίων το σφάλμα εμπίπτει σε μια 

συγκεκριμένη ζώνη σφάλματος: 

Περιπτώσεις Σχετικό σφάλμα (±) Απόλυτο σφάλμα (±) 

[%] [%] [mg/cycle] [g/kg fuel] [g/kWh] 

1 0 0–0.00 0–0.0 0–0.0 

26 0–5 0–0.02 0–0.3 0–0.1 

43 0–10 0–0.04 0–0.5 0–0.1 

57 0–15 0–0.07 0–0.9 0–0.2 

67 0–20 0–0.09 0–1.1 0–0.3 

78 0–25 0–0.14 0–2.2 0–0.5 

79 0–30 0–0.20 0–2.2 0–0.5 

89 0–35 0–0.35 0–3.4 0–0.8 

93 0–50 0–0.45 0–4.2 0–1.0 

Πίνακας 4.3: Ανάλυση σχετικού και απόλυτου σφάλματος των αποτελεσμάτων του 

μοντέλου για τον κινητήρα D2. 

Από τον Πίνακα 4.3 φαίνεται ότι ένα μεγάλο ποσοστό που φτάνει το 67% των 

περιπτώσεων που εξετάστηκαν παρουσιάζει σχετικό σφάλμα μέχρι ±20% το οποίο μπορεί 

να θεωρηθεί ικανοποιητικό για τη συγκεκριμένη εφαρμογή. Εδώ σημειώνεται ότι, όπως και 

στις περιπτώσεις του κινητήρα του φορτηγού, δεν έγινε βαθμονόμηση (δηλ. χρήση διορθω-

τικού πολλαπλασιαστή). 

Όπως αποκαλύπτεται από τις πιο πάνω διερευνήσεις, παρά τα ικανοποιητικά α-

ποτελέσματα στις τάσεις και απόλυτες τιμές των εκπομπών NO τόσο στους κινητήρες με-

γάλης κλίμακας όσο και στους οδικούς κινητήρες, σε κάποιες από τις περιπτώσεις που εξε-

τάστηκαν παρατηρήθηκαν κάποιες αποκλίσεις. Οι αποκλίσεις αυτές οφείλονται: σε διάφορα 

σφάλματα, στο σημείο που επιλέχθηκε να γίνει η βαθμονόμηση/διόρθωση (βλ. Εξ. (3.42)) 

των αποτελεσμάτων και στις πολύ χαμηλές απόλυτες τιμές NO ορισμένων περιπτώσεων, οι 

οποίες προκαλούν μεγέθυνση στο σχετικό σφάλμα (βλ. Εξ. (4.2)) 

Πιθανές πηγές σφάλματος είναι οι ακόλουθες: σφάλμα πρωτογενούς μέτρησης, 

επεξεργασία των μετρημένων δεδομένων, σφάλμα εκτίμησης της κατανάλωσης καυσίμου, 

της ισχύος και της παροχής μάζας καυσαερίου, σφάλματα στην ανάλυση του HRR και συ-

νεπώς στον ρυθμό καύσης, στην εκτίμηση του SOC, COC και EOC και επιπλέον, αριθμη-

τικά σφάλματα (π.χ. εξομάλυνση/φιλτράρισμα διαγραμμάτων, στρογγυλοποίηση, ολοκλή-

ρωση, διαφόρηση, κ.λπ.) και σφάλματα από ανακριβή δεδομένα εισόδου (π.χ. ποσοστό 

EGR). Μια άλλη σημαντική πηγή σφάλματος είναι η ευαισθησία του μοντέλου στην παρά-

μετρο «Φz», της οποίας η ορθή εκτίμηση εξαρτάται από τον ακριβή καθορισμό των μετα-

βλητών της. Οι μεταβλητές αυτές υπολογίζονται από την επεξεργασία του δυναμοδεικτικού 

διαγράμματος, την ανάλυση του HRR αλλά και από λειτουργικές παραμέτρους του κινητήρα. 
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Ιστορικό Σχηματισμού των NO 

Όπως αναφέρθηκε, το μοντέλο παρέχει τη δυνατότητα υπολογισμού του ιστορι-

κού του σχηματισμού των NO σε κάθε ζώνη καθώς και συνολικά του κυλίνδρου. Παρότι 

δεν υπήρχαν πειραματικά δεδομένα κατά τη διάρκεια του κλειστού κύκλου για την επικύ-

ρωση των αποτελεσμάτων, οι τάσεις του ιστορικού σχηματισμού των NO μέσα στον κύλιν-

δρο είναι όμοιες με αντίστοιχες που μπορούν να βρεθούν στη βιβλιογραφία [8,109,153,183]. 

Αυτή η δυνατότητα επιτρέπει τη χρήση του μοντέλου σε διερεύνησης βελτιστοποίησης και 

ανάπτυξης σχετικά με τον έλεγχο του σχηματισμού των NO κατά τη διάρκεια ενός κύκλου 

(π.χ. βελτιστοποίηση στρατηγικής έγχυσης, κ.λπ.) 

Στη συνέχεια παρουσιάζονται ενδεικτικά στο Σχήμα 4.43, αποτελέσματα για το 

ιστορικό του σχηματισμού των NO στον κύλινδρο για τέσσερεις διαφορετικούς τύπους κι-
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νητήρων: ένα δίχρονο και ένα τετράχρονο που χρησιμοποιούνται σε σταθμό παραγωγής ε-

νέργειας, ένα ναυτικό τετράχρονο που χρησιμοποιείται για ηλεκτροπαραγωγή σε πλοία και 

ένα δίχρονο ναυτικό που χρησιμοποιείται για την πρόωση πλοίου. 

   

Δίχρονος κινητήρας DI Diesel σταθερών στροφών 

εγκατεστημένος σε σταθμό παραγωγής ενέργειας. 

Τετράχρονος κινητήρας DI Diesel σταθερών στροφών 

εγκατεστημένος σε σταθμό παραγωγής ενέργειας. 

  

Δίχρονος ναυτικός κινητήρας DI Diesel για την πρόωση 

πλοίου. 

Τετράχρονος ναυτικός κινητήρας DI Diesel σταθερών 

στροφών για τις ανάγκες ηλεκτροδότησης πλοίου. 

Σχήμα 4.43: Ιστορικό σχηματισμού των NO μέσα στο θάλαμο καύσης μαζί με την μεταβολή της πίεσης κυλίνδρου και του 

αθροιστικού ρυθμού καύσης κατά τη διάρκεια του κλειστού κύκλου σε συνάρτηση με τη μεταβολή του φορτίου του κινητήρα. 

Στο Σχήμα 4.43 φαίνεται η επίδραση του φορτίου στο σχηματισμό των NO. Όπως 

αναμένεται ο σχηματισμός των ΝΟ αυξάνεται με την αύξηση του φορτίου. Επίσης παρατη-

ρείται ότι μετά από κάποιο σημείο, ο σχηματισμός των NO «παγώνει», γεγονός που οφείλε-

ται κυρίως στην πτώση της θερμοκρασίας και της διαθεσιμότητας οξυγόνου κατά τη φάση 

της εκτόνωσης. 

Όπως ήδη αναφέρθηκε (Κεφάλαιο 3), το ιστορικό σχηματισμού των NO προκύ-

πτει από το άθροισμα των NO που σχηματίζονται σε κάθε υπάρχουσα ζώνη κάθε χρονική 
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στιγμή (γωνία στροφάλου), δηλαδή από άθροισμα των ιστορικών των ζωνών, όπως φαίνεται 

στο Σχήμα 4.44. 

 

Σχήμα 4.44: Ιστορικό σχηματισμού των NO στις ζώνες (49) 

και αθροιστικά, το ιστορικό του σχηματισμού των NO στον 

κύλινδρο κατά τη διάρκεια του κλειστού κύκλου. 

Το προτεινόμενο μοντέλο μπορεί να χρησιμοποιηθεί σε διερευνήσεις για την επί-

δραση διαφόρων παραμέτρων στον σχηματισμό των NO όπως η επίδραση της προπορείας 
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και πίεσης εγχύσεως, πίεσης υπερπλήρωσης, ποσοστού EGR κ.λπ. Ενδεικτικά, στο Σχήμα 

4.45 παρουσιάζεται η επίδραση της καθυστέρησης έγχυσης στο σχηματισμό NO. 

   

Σχήμα 4.45: Ιστορικό σχηματισμού των NO στο θάλαμο καύσης μαζί με την μεταβολή της πίεσης κυλίνδρου (αριστερά), 

του αθροιστικού ρυθμού καύσης κατά τη διάρκεια του κλειστού κύκλου και τη μέση (σταθμισμένη με τη μάζα) 

θερμοκρασία των ζωνών (δεξιά) συναρτήσει της μεταβολής της προπορείας εγχύσεως (SOI) για τον κινητήρα φορτηγού 

σε λειτουργία 1800 rpm και 86 kW. 

Από το Σχήμα 4.45 είναι φανερή η πτώση της πίεσης (αφού ξεκινήσει η καύση) 

με την καθυστέρηση της έγχυσης. Αυτό μαζί με την συνεπακόλουθη καθυστέρηση έναυσης 

της καύσης προκαλεί χαμηλότερες θερμοκρασίες ζωνών στα πρώτα στάδια της καύσης (ό-

που ο σχηματισμός NO είναι σημαντικότερος). Επίσης, η καύση μεταφέρεται προς τα δεξιά, 

δηλαδή μικρότερη μάζα προϊόντων καύσης παραμένει σε συνθήκες υψηλών θερμοκρασιών 

όπου ευνοείται ο σχηματισμός των NO. Ακόμα ο χρόνος που τα προϊόντα της καύσης παρα-

μένουν σε υψηλές θερμοκρασίες μειώνεται. Οι λόγοι αυτοί συντείνουν στη μείωση του σχη-

ματισμού των NO με την καθυστέρηση έγχυσης. 

Υπολογιστικός Χρόνος 

Ένας από τους κύριους στόχους της παρούσας μελέτης είναι να διατηρηθεί ο υ-

πολογιστικός χρόνος όσο το δυνατόν χαμηλότερα, αλλά διατηρώντας ένα ισχυρό φυσικό 

υπόβαθρο. Ο στόχος του χαμηλού υπολογιστικού κόστους έχει εν μέρει υλοποιηθεί γιατί 

παρόλο που το προτεινόμενο μοντέλο NOx παρέχει τα αποτελέσματα σε περίοδο λίγων δευ-

τερολέπτων και σε ορισμένες περιπτώσεις σε χρόνους χαμηλότερους και από δευτερόλεπτο, 
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υπάρχουν δυνατότητες, μετά από πρόσθετη ανάπτυξη και βελτίωση του μοντέλου, να παρέ-

χει αποτελέσματα στη χρονική κλίμακα του κύκλου μηχανής. Προκειμένου να εντοπιστούν  

οι παράμετροι που επηρεάζουν σημαντικά τον υπολογιστικό χρόνο του μοντέλου, έγινε α-

νάλυση ευαισθησίας στις πιο κάτω παραμέτρους: 

1. Λόγος ισοδυναμίας της ζώνης z. 

2. Υπολογιστικό βήμα γωνίας στροφάλου (CA). 

3. Υπολογιστικό βήμα ολοκλήρωσης που χρησιμοποιήθηκε στον υπολογισμό των 

NOx. 

4. Αριθμός των κυλίνδρων που χρησιμοποιήθηκαν στον υπολογισμό. 

5. Ποσότητα της παγιδευμένης μάζας στον κύλινδρο. 

6. Υπολογιστική ισχύς του συστήματος. 

Από τη διερεύνηση της επίδρασης του z στον υπολογιστικό χρόνο, αποκαλύφ-

θηκε ότι ο χρόνος αυτός αυξάνεται ελαφρώς με την αύξηση του z όταν είναι z <1 και 

μειώνεται εκθετικά, προσεγγίζοντας ασυμπτωτικά μια ελάχιστη τιμή, με την αύξηση του z 

όταν είναι z >1. Ωστόσο, στην περιοχή όπου z <1  ο υπολογιστικός χρόνος είναι πάντα 

χαμηλότερος από αυτή την τιμή. Η μέγιστη τιμή εμφανίζεται στο z =1. Αυτή η τάση οφεί-

λεται στο χρόνο που απαιτείται για τη σύγκλιση του υπομοντέλου της χημικής ισορροπίας 

το οποίο έχει σημαντικό αντίκτυπο στο χρόνο σύγκλισης της μεθόδου υπολογισμού της θερ-

μοκρασίας ζώνης. 

Στη συνέχεια διερευνήθηκε η επίδραση του υπολογιστικού βήματος γωνίας στρο-

φάλου (CA). Όπως αποκαλύφθηκε, ο υπολογιστικός χρόνος μειώνεται σημαντικά με την 

αύξηση του βήματος CA χωρίς σημαντική επιδείνωση του σχετικού σφάλματος. Βέβαια, 

όταν το βήμα γίνει υπερβολικά μεγάλο τότε το μοντέλο αποτυγχάνει να φτάσει σε σύγκλιση 

ή δίνει μη αποδεκτά αποτελέσματα. 

Η διερεύνηση έδειξε επίσης ότι η επίδραση του βήματος ολοκλήρωσης (υποδιαι-

ρέσεις του βήματος CA) για τον υπολογισμό των NOx σε κάθε βήμα CA στον συνολικό υ-

πολογιστικό χρόνο, είναι σχετικά μικρή (αν το βήμα ολοκλήρωσης δεν είναι υπερβολικά 

μικρό). Ωστόσο, μεγάλο βήμα ολοκλήρωσης μπορεί να οδηγήσει σε ανακριβείς προβλέψεις 

NOx, ακόμα και σε αδυναμία σύγκλισης, ειδικότερα αν το υπολογιστικό βήμα CA είναι με-

γάλο. 

Στη συνέχεια, εξετάστηκε η επίδραση του αριθμού των κυλίνδρων που χρησιμο-

ποιήθηκαν στους υπολογισμούς στον συνολικό υπολογιστικό χρόνο. Όπως αναμενόταν, ο 

υπολογιστικός χρόνος αυξάνεται γραμμικά με την αύξηση του αριθμού των κυλίνδρων. Ω-

στόσο το σχετικό σφάλμα δεν μεταβάλλεται σημαντικά, το οποίο υποδεικνύει ότι υπάρχει η 

δυνατότητα χρήσης μόνο ενός αντιπροσωπευτικού κυλίνδρου στους υπολογισμούς. 

Η παγιδευμένη ποσότητα μάζας μέσα στον κύλινδρο επηρεάζει σημαντικά τον 

υπολογιστικό χρόνο, επειδή, σε συνδυασμό με τον λόγο ισοδυναμίας της ζώνης (z), επη-

ρεάζουν τη σύγκλιση του μοντέλου. Παρατηρήθηκε ότι, όταν η παγιδευμένη μάζα υποεκτι-

μάται τότε η θερμοκρασία της άκαυστης ζώνης υπερεκτιμάται και συνεπώς προκαλεί υπερ-

βολικές θερμοκρασίες στις ζώνες καύσης. Όπως παρατηρήθηκε, αυτός είναι ο λόγος που οι 

επαναληπτικές διαδικασίες που χρησιμοποιούνται στον υπολογισμό της θερμοκρασίας των 

ζωνών καύσης απαιτούν μεγαλύτερο χρονικό διάστημα για να συγκλίνουν. Όπως αποκα-

λύφθηκε, ο υπολογιστικός χρόνος μειώνεται σημαντικά με την αύξηση της παγιδευμένης 
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μάζας. Επίσης, αποκαλύφθηκε ότι μεγάλη υποεκτίμηση της παγιδευμένης μάζας οδηγεί σε 

αύξηση του σχετικού σφάλματος, ακόμα και σε αδυναμία σύγκλισης. 

Στη συνέχεια, εξετάστηκε ενδεικτικά, η επίδραση του χρησιμοποιούμενου υπο-

λογιστικού συστήματος στον υπολογιστικό χρόνο. Στη διερεύνηση αυτή το μοντέλο εφαρ-

μόστηκε σε προσωπικούς υπολογιστές (PC) με διαφορετικές προδιαγραφές. Όπως αναμε-

νόταν ο υπολογιστικός χρόνος μειώνεται όσο βελτιώνονται τα χαρακτηριστικά του υπολο-

γιστικού συστήματος. Τα χαρακτηριστικά που φαίνεται να έχουν τη μεγαλύτερη επίδραση 

είναι το στάδιο ανάπτυξης/εξέλιξης του συστήματος (πόσο σύγχρονο είναι), η ταχύτητα του 

επεξεργαστή και η ταχύτητα της μνήμης RAM. 
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Κεφάλαιο 5 ΣΥΜΠΕΡΑΣΜΑΤΑ 

Στο τελευταίο κεφάλαιο παρουσιάζονται τα τελικά συμπεράσματα αυτής της δια-

τριβής, τα στοιχεία πρωτοτυπίας και οι προτάσεις για μελλοντική εργασία. 

Το μοντέλο που αναπτύχθηκε είναι ένα ημιεμπειρικό μοντέλο, το οποίο διακρι-

τοποιεί σε ζώνες το περιεχόμενο του κυλίνδρου ανάλογα με το ρυθμό καύσης, οι οποίες 

εξελίσσονται στο χρόνο επηρεαζόμενες από τη μεταβολή της πίεσης στο εσωτερικό του κυ-

λίνδρου ακολουθώντας τον πρώτο θερμοδυναμικό νόμο, με σκοπό την πρόβλεψη του ιστο-

ρικού των NOx μέσα στον κύλινδρο και των τελικών εκπομπών των NOx σε κινητήρες DI 

Diesel. Ο αλγόριθμος του μοντέλου συντέθηκε σε γλώσσα προγραμματισμού FORTRAN. 

Το μοντέλο εφαρμόστηκε σε διάφορους τύπους υπερπληρωμένων DI Diesel κι-

νητήρων για διάφορες διαμορφώσεις και ρυθμίσεις του κινητήρα. Οι τύποι κινητήρων και 

οι παράμετροι που εξετάστηκαν είναι: 

1. Δύο δίχρονοι κινητήρες μεγάλης κλίμακας, σταθερών στροφών, που χρησιμοποι-

ούνται για ηλεκτροπαραγωγή στη Χίο. Μεταβολή του φορτίου, του χρονισμού 

έγχυσης και του τύπου του καυσίμου. 

2. Ένας  δίχρονος και ένας τετράχρονος κινητήρας μεγάλης κλίμακας, σταθερών 

στροφών, που χρησιμοποιούνται για ηλεκτροπαραγωγή στην Πάρο. Μεταβολή 

του φορτίου. 

3. Εννέα βραδύστροφοι δίχρονοι κινητήρες μεγάλης κλίμακας που χρησιμοποιού-

νται για πρόωση πλοίων. Μεταβολή των στροφών/φορτίου, και για δύο από αυτές, 

μεταβολή του χρονισμού έγχυσης καυσίμου. 

4. Τρεις τετράχρονοι κινητήρες μεγάλης κλίμακας, σταθερών στροφών που χρησι-

μοποιούνται για ηλεκτροπαραγωγή σε πλοία. Μεταβολή του φορτίου. 

5. Ένας κινητήρας φορτηγού βαρέος τύπου. Μεταβολή φορτίου και στροφών (σύμ-

φωνα με τον κύκλο EESC), χρονισμού και πίεσης έγχυσης καυσίμου, ποσοστού 

EGR και πίεσης αέρα σάρωσης. 

6. Ένας κινητήρας αυτοκινήτου ελαφρού τύπου. Μεταβολή του χρονισμού και πίε-

σης έγχυσης καυσίμου, ποσοστού EGR και πίεσης αέρα σάρωσης. 

Για την επικύρωση και αξιολόγηση του μοντέλου χρησιμοποιήθηκε ένα σύνολο 

89 σημείων λειτουργίας για τους κινητήρες μεγάλης κλίμακας και 132 σημείων για τους 

οδικούς κινητήρες. Αναφορικά με τις απόλυτες τιμές των NOx, μετά από βαθμονόμηση σε 

ένα μοναδικό σημείο λειτουργίας για κάθε κινητήρα, χρησιμοποιώντας ένα διορθωτικό συ-

ντελεστή (SF) – πολλαπλασιαστή (μόνο στους κινητήρες μεγάλης κλίμακας), το μοντέλο 

καταφέρνει να προβλέψει τα NOx με σχετικό σφάλμα μέχρι ±20% για την πλειονότητα των 

περιπτώσεων και για όλους τους τύπους κινητήρων που εξετάστηκαν. Επιπλέον, ο υπολογι-

στικός χρόνος κυμάνθηκε, αναλόγως της εξεταζόμενης περίπτωσης, από 10 s μέχρι και 1 s 

όταν ο αλγόριθμος εκτελείται σε ένα σύγχρονο PC. Ωστόσο υπάρχουν δυνατότητες για μεί-

ωση του χρόνου αυτού. 
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Τα αποτελέσματα από την εφαρμογή του μοντέλου σε αυτές τις μηχανές είναι 

ενθαρρυντικά, αφού όπως αποκαλύφθηκε είναι ικανό να προβλέπει επαρκώς τις μετρημένες 

τιμές των NOx και επίσης, να συλλαμβάνει την τάση μεταβολής τους καθώς οι παράμετροι 

και οι ρυθμίσεις του κινητήρα μεταβάλλονται. Το πιο σημαντικό είναι ότι καταφέρνει να 

παρέχει αξιόπιστα αποτελέσματα με χαμηλό υπολογιστικό κόστος, για διαφορετικούς τύ-

πους κινητήρων με χαμηλές απαιτήσεις βαθμονόμησης. Έτσι, μετά από πρόσθετη ανάπτυξη, 

μπορεί να χρησιμοποιηθεί στην έρευνα αλλά και στο πρακτικό πεδίο. 

Το μοντέλο μπορεί να προταθεί για να συνεισφέρει στην έρευνα και ανάπτυξη 

αλλά και στη λειτουργία και έλεγχο των τεχνικών και τεχνολογιών για τη μείωση των εκπο-

μπών από τους κινητήρες DI Diesel.  

Ωστόσο η ανάπτυξή τους απαιτεί εκτεταμένη έρευνα η οποία έχει μεγάλο οικο-

νομικό κόστος, απαιτεί χρόνο και κόπο ειδικά αν βασίζεται μόνο σε πειραματικές διερευνή-

σεις. Επίσης ο έλεγχος και η παρακολούθηση της λειτουργίας τους σε πραγματικό χρόνο 

γίνεται άμεση ανάγκη τα τελευταία χρόνια λόγω και της αυστηροποίησης των τοπικών και 

διεθνών κανονισμών για τους ρύπους. Για τους λόγους αυτούς οι κατασκευαστές και χρή-

στες ICE εμπλέκουν εργαλεία προσομοίωσης σε συνδυασμό με πειραματική διερεύνηση, 

ώστε να ενισχυθεί ο σχεδιασμός και η ανάπτυξη και να βελτιωθεί η απόδοση λειτουργίας 

των τεχνολογιών για τον περιορισμό των εκπομπών NOx, αλλά την ίδια ώρα, στοχεύοντας 

στο βέλτιστο δυνατό ισοζύγιο NOx, αιθάλης και κατανάλωσης καυσίμου (bsfc). Αυτά απο-

τέλεσαν το κίνητρο για την ανάπτυξη ενός μοντέλου NOx με δυνατότητες αξιόπιστης πρό-

βλεψης. 

Για το σκοπό αυτό, το μοντέλο που αναπτύχθηκε έχει φυσικό υπόβαθρο και χρη-

σιμοποιεί το μετρημένο δυναμοδεικτικό διάγραμμα το οποίο παρέχει με αμεσότητα σημα-

ντικές πληροφορίες για την εξέλιξη της καύσης και συνεπώς τον σχηματισμό των NOx μέσα 

στον κύλινδρο. Οι πολύπλοκοι μηχανισμοί της καύσης, των οποίων η μοντελοποίηση είναι 

ιδιαίτερα δύσκολη και απαιτεί μεγάλο υπολογιστικό κόστος, μπορούν να ληφθούν άμεσα 

υπόψη με τη χρήση της μετρημένης πίεσης του κυλίνδρου. Επιπρόσθετα, με τη χρήση του 

μετρημένου δυναμοδεικτικού διαγράμματος, η επίδραση της γεωμετρίας του κινητήρα λαμ-

βάνεται υπόψη έμμεσα. 

Εν τέλει, λαμβάνοντας υπόψη τις δυνατότητες του μοντέλου, δηλαδή την ικανό-

τητά του να προβλέπει αξιόπιστα και με χαμηλό υπολογιστικό κόστος τις εκπομπές των NOx 

και την τάση μεταβολής τους καθώς οι παράμετροι ή/και οι ρυθμίσεις του κινητήρα μετα-

βάλλονται για διάφορους τύπους κινητήρων, μπορεί να προταθεί, μετά από περαιτέρω ανά-

πτυξη και βελτιστοποίηση, για χρήση στις ακόλουθες εφαρμογές: 

1. Παρακολούθηση σε πραγματικό χρόνο των εκπομπών NOx σε πλοία και σταθ-

μούς παραγωγής ενέργειας. 

2. Πρόβλεψη των NOx σε σημεία λειτουργίας που απαιτούνται από τον κανονισμό 

«IMO Annex VI regulation 13», στα οποία δεν είναι δύσκολο να γίνουν μετρήσεις, 

προκειμένου να συμπληρωθεί το αντίστοιχο πιστοποιητικό NOx. 

3. Άμεση παρακολούθηση των εκπομπών NOx σε πλοία με απευθείας σύνδεση 

(online), αφού η άμεση μέτρηση του δυναμοδεικτικού και η απευθείας δικτυακή 

σύνδεση είναι σήμερα εφικτή. 



Εκτεταμένη Περίληψη – Συμπεράσματα 

323 

4. Διαδικασίες επαλήθευσης για τις εκπομπές NOx, π.χ. επαλήθευση των προδια-

γραφών NOx (π.χ. εκείνων που δίνει ο κατασκευαστής) ή επαλήθευση/σύγκριση 

μετρήσεων εκπομπών NOx. 

5. Πρόβλεψη της απόκλισης των εκπομπών NOx από τις τιμές των ορίων που καθο-

ρίζονται από τους κανονισμούς για ένα εν λειτουργία κινητήρα, εάν μεταβληθούν 

οι συνθήκες λειτουργίας του. 

6. Υποστήριξη της ανάπτυξης, λειτουργίας και ελέγχου και βελτιστοποίησης σε 

πραγματικό χρόνο των πρωτογενών μέτρων για μείωση των εκπομπών NOx (π.χ. 

model–base control). 

7. Συνεισφορά στη διαχείριση των δευτερογενών μέτρων για μείωση των εκπομπών 

NOx (π.χ. closed–loop control). 

8. Συνεισφορά στο πεδίο της έρευνας, ανάπτυξης και βελτιστοποίησης υπάρχοντος 

κινητήρα αναφορικά με τις εκπομπές NOx (π.χ. βελτιστοποίηση της στρατηγικής 

έγχυσης, ποσοστού EGR, κ.λπ.). 

Σε αυτή την εργασία συνδυάστηκαν στοιχεία από τη σχετική βιβλιογραφία, και-

νούριες μεθοδολογίες και εκτενής στατιστική ανάλυση πειραματικών δεδομένων, με σκοπό 

τη δημιουργία ενός νέου χρήσιμου εργαλείου προσομοίωσης για την πρόβλεψη των εκπο-

μπών NOx από κινητήρες DI Diesel. Το νέο μοντέλο συνδυάζει επιτυχώς φυσικούς νόμους 

και εμπειρικές/στατιστικές συσχετίσεις με μια απλοποιημένη δομή, παρέχοντας αξιόπιστες 

προβλέψεις εκπομπών NOx και μεγάλο εύρος εφαρμογής όσο αφορά τους τύπους κινητήρων 

και συνθηκών/ρυθμίσεων λειτουργίας. Στη συνέχεια παρουσιάζονται τα στοιχεία πρωτοτυ-

πίας της παρούσας διατριβής: 

1. Ένα νέο, απλοποιημένο πολυζωνικό σενάριο υιοθετήθηκε για τον υπολογισμό 

των εκπομπών NO (ή ισοδύναμου NOx) και του ιστορικού του σχηματισμού τους 

στο εσωτερικό του κυλίνδρου κατά τη διάρκεια του κλειστού θερμοδυναμικού 

κύκλου, χωρίς να χρησιμοποιούνται πολύπλοκες φαινομενολογικές σχέσεις 

στους υπολογισμούς. 

2. Στους υπολογισμούς που πραγματοποιούνται στο μοντέλο, χρησιμοποιείται η με-

τρημένη πίεση του κυλίνδρου και ο ρυθμός έκλυσης θερμότητας (υπολογίζεται 

με τη χρήση του μετρημένου δυναμοδεικτικού), πάνω στα οποία αντικατοπτρίζε-

ται η επίδραση των μηχανισμών που εξελίσσονται στον κύλινδρο και επηρεάζουν 

άμεσα ή έμμεσα το μηχανισμό σχηματισμού των NOx. 

3. Μια νέα προσέγγιση χρησιμοποιήθηκε για τον προσδιορισμό του λόγου ισοδυνα-

μίας z που χρησιμοποιείται στους υπολογισμούς της ζώνης. Το z έχει σημα-

ντικό αντίκτυπο στην καύση και συνεπώς στη χημική σύσταση και θερμοκρασία 

της ζώνης. 

4. Από την ανασκόπηση της βιβλιογραφίας, προκύπτει ότι για πρώτη φορά ένα μο-

ντέλο προσομοίωσης για τις εκπομπές NOx εφαρμόστηκε σε ένα τέτοιο μεγάλο 

αριθμό τύπων κινητήρων, σημείων λειτουργίας και διαμορφώσεων κινητήρα. 

5. Το μοντέλο έχει μικρές απαιτήσεις βαθμονόμησης προκειμένου να βελτιωθούν 

ποσοτικά τα αποτελέσματα που εξαγάγει. Συγκεκριμένα, χρησιμοποιείται μόνο 

ένας πολλαπλασιαστής για κάθε κινητήρα (μόνο στους κινητήρες μεγάλης κλί-

μακας) προκειμένου να διορθωθούν οι υπολογισμένες τιμές NOx. 

6. Μια νέα μεθοδολογία αναπτύχθηκε για τον προσδιορισμό της έναρξης της καύ-

σης (SOC). Όπως αποκαλύφθηκε, ο προσδιορισμός του SOC, που είναι μια εντε-

λώς αυτοματοποιημένη διαδικασία, ήταν ακριβής για σχεδόν όλα τα σημεία λει-

τουργίας που εξετάστηκαν. 
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7. Μια νέα μεθοδολογία ακολουθήθηκε για τον προσδιορισμό του τέλους της καύ-

σης (EOC) από την επεξεργασία της ουράς του διαγράμματος HRR χρησιμοποιώ-

ντας επιπρόσθετη εξομάλυνση και στατιστικές τεχνικές. 

8. Όσον αφορά στους δίχρονους κινητήρες, ένα νέο μοντέλο σάρωσης χρησιμοποι-

ήθηκε για τον υπολογισμό των αρχικών συνθηκών (παγιδευμένη μάζα γόμωσης, 

η σύνθεση και η θερμοκρασία της και το κλάσμα μάζας RG) κατά την έναρξη της 

συμπίεσης. 

Παρά τις επαρκείς προβλέψεις των εκπομπών ΝΟ (ή ισοδύναμου NOx) που το 

προτεινόμενο μοντέλο μπορεί να παρέχει, υπάρχει η προοπτική για περαιτέρω βελτίωσή του 

μετά από επιπλέον ανάπτυξη προκειμένου να ενισχυθεί η αξιοπιστία του, να ελαχιστοποιη-

θεί το υπολογιστικό του κόστος και να εμπλουτιστούν/επεκταθούν οι δυνατότητές του. 

Για την ενίσχυση της αξιοπιστίας και ευελιξίας του μοντέλου, οι ακόλουθες τρο-

ποποιήσεις/προσθήκες μπορούν να υιοθετηθούν: 

1. Αναφορικά με τον υπολογισμό των NOx μπορούν να εισαχθούν επιπρόσθετοι μη-

χανισμοί σχηματισμού NOx όπως ο μηχανισμός μέσω των ενδιάμεσων N2O ο ο-

ποίος γίνεται σημαντικός σε χαμηλές θερμοκρασίες (T < 1800 K) και ο μηχανι-

σμός σχηματισμού NOx από το άζωτο του καυσίμου, ο οποίος μπορεί να συνει-

σφέρει σημαντικά σε περιπτώσεις χρήσεως βαρέος καυσίμου (HFO) που χρησι-

μοποιείται στους ναυτικούς κινητήρες και σε αυτούς που χρησιμοποιούνται στην 

ηλεκτροπαραγωγή. Επίσης, μπορούν να χρησιμοποιηθούν ακόμα πιο πολύπλοκοι 

μηχανισμοί και να εισαχθούν θεωρήσεις χημικής κινητικής για περισσότερα στοι-

χεία/αντιδράσεις. 

2. Λόγω της μεγάλης σημαντικότητας της χρήσης του δυναμοδεικτικού διαγράμμα-

τος στους υπολογισμούς του μοντέλου είναι σημαντικό, η εξομάλυνσή του να 

γίνει ορθά προκειμένου να απαλειφθεί ο θόρυβος αλλά και να μην χαθεί χρήσιμη 

πληροφορία. Στην παρούσα μελέτη χρησιμοποιήθηκε το φίλτρο Savitzky–Golay 

με σταθερό πλάτος του παραθύρου εξομάλυνσης. Ωστόσο, για πιο ακριβή/αξιό-

πιστα αποτελέσματα, μπορούν να χρησιμοποιηθούν πιο αποδοτικά φίλτρα μετα-

βαλλόμενης, μέσα στη διάρκεια ενός κύκλου, έντασης και πλάτους παραθύρου 

εξομάλυνσης. 

3. Όπως αποκαλύφθηκε από τη διερεύνηση, ο λόγος ισοδυναμίας των ζωνών Φz εί-

ναι καθοριστικής σημασίας για το μοντέλο και μπορεί να χρησιμοποιηθεί σαν 

ρυθμιστής του μοντέλου που μπορεί να βελτιώσει ποιοτικά τα αποτελέσματα. Για 

τον υπολογισμό του χρησιμοποιήθηκε μια εμπειρική συσχέτιση. Παρά το γεγονός 

ότι αυτή η συσχέτιση προήλθε από μια διεξοδική στατιστική διερεύνηση, απαι-

τείται περαιτέρω επικύρωσή της με χρήση ακόμα περισσότερων πειραματικών 

περιπτώσεων. Επιπλέον, θα πρέπει να εξεταστεί η χρήση πιο πολύπλοκων πολυ-

ωνύμων (αντί της γραμμικής που χρησιμοποιείται εδώ) και επίσης θα μπορούσε 

να γίνει διερεύνηση με σκοπό να εξεταστεί η πιθανότητα εμπλουτισμού ή τροπο-

ποίησης της συσχέτισης αυτής λαμβάνοντας υπόψη νέες παραμέτρους. 

4. Προκειμένου να ενισχυθεί η φυσική του μοντέλου όσον αφορά στον προσδιορι-

σμό του Φz, μπορεί να εισαχθεί μια νέα συσχέτιση που θα παρέχει μεταβλητή 

τιμή στο Φz κατά τη διάρκεια του κύκλου του κινητήρα (σε αντίθεση με το παρόν 
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όπου το Φz είναι σταθερό) ώστε να αντιπροσωπεύει, με μεγαλύτερη συνέπεια φυ-

σικής, το μέσο πραγματικό τοπικό , το οποίο καθορίζει τη σύσταση του μείγ-

ματος καυσίμου/αέρα. Αυτή η σύσταση μετατρέπεται από πολύ πλούσια σε καύ-

σιμο στην αρχή της καύσης, σε πολύ φτωχή όπως εξελίσσεται η καύση και παρα-

μένει κοντά στην στοιχειομετρία αργά στη φάση καύσης/εκτόνωσης. Το σκεπτικό 

αυτό μπορεί να προσεγγιστεί χρησιμοποιώντας μια σιγμοειδή συνάρτηση. 

5. Όπως αποκαλύφθηκε από την ανάλυση του μοντέλου και των αποτελεσμάτων, η 

μεθοδολογία που ακολουθήθηκε για τη μεταφορά θερμότητας μεταξύ των ζωνών 

και των τοιχωμάτων του κυλίνδρου, παρότι ενισχύει το φυσικό υπόβαθρο του 

μοντέλου, παρουσιάζει ευαισθησία σε ανακριβή δεδομένα εισόδου και στον θό-

ρυβο του σήματος της πίεσης του κυλίνδρου και έτσι μπορεί να εισαγάγει σημα-

ντικό σφάλμα στα αποτελέσματα. Για το λόγο αυτό, μπορεί να χρησιμοποιηθεί 

στο μέλλον μια απλούστερη μεθοδολογία. Δηλαδή, θα μπορούσε να θεωρηθεί ότι 

ένα σταθερό ποσοστό της ενέργειας του καυσίμου της ζώνης χάνεται ως απώλεια 

θερμότητας. Εναλλακτικά θα μπορούσε να χρησιμοποιηθεί μια εμπειρική συσχέ-

τιση για τον προσδιορισμό του ποσοστού αυτού. 

Για τη μείωση του υπολογιστικού χρόνου του μοντέλου, προτείνονται τα ακό-

λουθα μέτρα: 

1. Για να αποφευχθεί η χρήση των πολυωνύμων για τον υπολογισμό των ενθαλπιών 

(h) ειδικών θερμοχωρητικοτήτων (cp) και της ελεύθερης ενέργειας Gibbs (g0), τα 

οποία αυξάνουν τον υπολογιστικό χρόνο, μπορούν εναλλακτικά να χρησιμοποι-

ηθούν θερμοδυναμικοί πίνακες (JANAF) για κάθε χημικό στοιχείο που λαμβάνε-

ται υπόψη. Ωστόσο, για να είναι γρήγορη η μέθοδος αυτή, απαιτείται αποδοτική 

διαχείριση μνήμης και βάσης δεδομένων. 

2. Το προτεινόμενο μοντέλο προκειμένου να διατηρήσει ένα ισχυρό φυσικό υπόβα-

θρο δεν υιοθέτησε απλοποιητικές παραδοχές για τις θερμοδυναμικές διαδικασίες 

που χρησιμοποιούνται για τον υπολογισμό του όγκου, της θερμοκρασίας και εμ-

μέσως της σύστασης της ζώνης, τα οποία επηρεάζουν τον σχηματισμό ΝΟ. Ω-

στόσο, οι υπολογισμοί αυτοί επιτυγχάνονται μέσω χρονοβόρων επαναληπτικών 

διαδικασιών. Έτσι, θα πρέπει να εξεταστεί η εισαγωγή παραδοχών όπως αδιαβα-

τική, ισεντροπική/πολυτροπική, ισοβαρής διαδικασία/μεταβολή, με σκοπό τη 

μείωση του υπολογιστικού χρόνου. 

3. Κατά τους υπολογισμούς του μοντέλου πραγματοποιείται ένας μεγάλος αριθμός 

πράξεων μεταξύ  πινάκων/διανυσμάτων οι οποίες όμως εκτελούνται σειριακά. Ως 

εκ τούτου προτείνεται η παραλληλοποίηση του αλγορίθμου η οποία θα μειώσει 

σημαντικά το υπολογιστικό κόστος. Προφανώς, προκειμένου να αξιοποιηθεί η 

ικανότητα του παραλληλοποιημένου αλγορίθμου για μειωμένο χρόνο εκτέλεσης, 

πρέπει να τρέχει σε υπολογιστικό σύστημα με πολλαπλές κεντρικές μονάδες επε-

ξεργασίας (CPUs) ή αντίστοιχα με μονάδες επεξεργασίας γραφικών (GPU), κ.λπ. 

4. Προγραμματιστική βελτιστοποίηση του μοντέλου και αναβάθμιση της διαχείρι-

σης μνήμης μπορούν να συνεισφέρουν στη μείωση του υπολογιστικού χρόνου. 

5. Χρήση λιγότερο αυστηρών κριτηρίων σύγκλισης στις επαναληπτικές διαδικασίες 

που χρησιμοποιούνται. 
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6. Ο αλγόριθμος του μοντέλου χρησιμοποιεί διπλής ακρίβειας (64 bit) υπολογι-

σμούς. Αν αντί αυτού χρησιμοποιούνταν απλή ακρίβεια (32 bit), ο υπολογιστικός 

χρόνος θα μειωνόταν σημαντικά, δεδομένου ότι οι απαιτήσεις επεξεργασίας και 

μνήμης θα είναι χαμηλότερες. 

7. Μια από τις πιο χρονοβόρες διαδικασίες κατά τους υπολογισμούς του μοντέλου 

είναι η επίλυση του μη γραμμικού συστήματος για τον υπολογισμό της σύστασης 

ισορροπίας της ζώνης. Το σύστημα αυτό λύνεται, μετά από γραμμικοποίηση και 

απλοποίηση, με τη χρήση της μεθόδου απαλοιφής Gauss. Ωστόσο μπορούν να 

χρησιμοποιηθούν ταχύτερες τεχνικές, όπως π.χ. η διάσπαση LU για να μειωθεί ο 

υπολογιστικός χρόνος. 

8. Το υπολογιστικό κόστος μπορεί να μειωθεί ουσιαστικά με τη χρήση προηγμένων 

υπολογιστικών συστημάτων, δηλαδή ταχύτερη μνήμη RAM και μνήμη μόνιμης 

αποθήκευσης (π.χ. solid state drives), πιο γρήγορους και σύγχρονους επεξεργα-

στές (CPU) με μεγάλο αριθμό αριθμητικών μονάδων, γρήγορο δίαυλο συστήμα-

τος, κ.λπ. 

9. Μια άλλη προοπτική για μείωση του υπολογιστικού χρόνου, είναι να διασπαστεί 

ο αλγόριθμος σε τμήματα (δηλ. σε υπομοντέλα, ή ομάδες υπομοντέλων) τα οποία 

μπορούν να ενσωματωθούν σε ξεχωριστά εξειδικευμένα αυτόνομα υπολογιστικά 

συστήματα. Τα συστήματα αυτά θα είναι συζευγμένα υπό έναν διαχειριστή. Τέ-

τοια υπολογιστικά συστήματα είναι τα συστήματα ολοκληρωμένων κυκλωμάτων 

για ειδικές εφαρμογές (ASIC) και οι προγραμματιζόμενες πύλες πεδίου (FPGA). 

Δεδομένου ότι το προτεινόμενο μοντέλο συνιστάται για ολοκληρωμένες εφαρμο-

γές στην έρευνα ή/και στο πρακτικό πεδίο, στο μέλλον θα μπορούσε να εμπλουτιστεί με 

επιπλέον υπομοντέλα/συστήματα, ώστε να είναι σε θέση να εφαρμοστεί αυτόνομα, να αυ-

ξήσει την ευελιξία και τη δυνατότητα εφαρμογής του και να μην επηρεάζεται από πιθανά 

εξωτερικά σφάλματα (π.χ. ανακριβή δεδομένα εισόδου). Τα προτεινόμενα νέα υπομοντέλα/ 

συστήματα θα μπορούσαν να είναι τα εξής: 

1. Σύστημα λήψης του δυναμοδεικτικού διαγράμματος. 

2. Εξομάλυνση του αναλογικού σήματος πίεσης χρησιμοποιώντας συστήματα ανα-

λογικών χαμηλοπερατών φίλτρων.  

3. Θερμοδυναμικό μοντέλο ή ηλεκτρομηχανικό σύστημα για τον προσδιορισμό του 

TDC και συνεπώς αντιστοίχιση της πίεσης και της γωνίας στροφάλου (CA). 

4. Απλοποιημένο μονοζωνικό μοντέλο προσομοίωσης για την πρόβλεψη του δυνα-

μοδεικτικού διαγράμματος ώστε να χρησιμοποιηθεί έναντι του μετρούμενου, ό-

ταν αυτό δεν είναι διαθέσιμο. Ιδανικά, αυτό το μοντέλο θα πρέπει να έχει τη δυ-

νατότητα να συλλαμβάνει τις μεταβολές στις ρυθμίσεις του κινητήρα, π.χ. SOI, 

ποσοστό EGR, πίεση υπερπλήρωσης/σάρωσης, κ.λπ.  

5. Μοντέλο για την εκτίμηση της παροχής καυσίμου ή στην ιδανική περίπτωση, σύ-

στημα για την άμεση μέτρησή της. 

6. Μοντέλο σε συνδυασμό με αισθητήρες (π.χ. για τη μέτρηση της πίεσης και θερ-

μοκρασίας στην πολλαπλή εισαγωγής, του O2 στα καυσαέρια, κ.λπ.) για την ε-

κτίμηση της ροής μάζας εισερχομένου αέρα. 

7. Μοντέλο για την εκτίμηση των αρχικών συνθηκών στην πολλαπλής εισαγωγής 

(π.χ. προσομοίωση του ανοικτού κύκλου του κινητήρα) ή σύστημα μέτρησής 

τους ή συνδυασμός των δύο. 



Εκτεταμένη Περίληψη – Συμπεράσματα 

327 

Παρόλα αυτά, υπάρχει η δυνατότητα, το προτεινόμενο μοντέλο να ενσωματωθεί 

σε υφιστάμενα, επικυρωμένα συστήματα λογισμικού και τεχνικού εξοπλισμού που χρησι-

μοποιούνται για την ανάλυση της απόδοσης του κινητήρα και των εκπομπών, στη διάγνωση 

και τον έλεγχο του κινητήρα. 


