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Abstract

Modeling and Verification of Valve Train Dynamics in Engines

M. Husselman
Department of Mechanical Engineering

Stellenbosch University
Private Bag X1, 7602 Matieland, South Africa

Thesis: MScEng (Mech)

December 2005

This study involved the modeling and verification of the finger follower valve train
arrangement with the focus on the non-linear behaviour of high speed valve springs.

The project was divided into three phases namely; the measuring of valve train dy-
namics, modeling of the valve train and the verification of the dynamic models by com-
paring the results from the two aforementioned two phases.

Acceleration and force were measured on a running engine. A force transducer was
specially developed for this purpose. Digital signal processing was used in the analysis
and implementation of all measured data.

The spring model was developed systematically from a solid model, into a finite ele-
ment model, and finally into a dynamic model. All development steps were continually
checked with experiments and calculations. The primary concept used in the spring
modeling lends itself to modal analysis theory in conjunction with the superimposing
of non-linearities onto a linear model.

The dynamic model was verified and good correlations were found, especially at
high engine speeds where valve train dynamics play an important role. Parameter ad-
justments could be made in the dynamic model and the effect that some engine mecha-
nisms, such as engine oil aeration, had on the valve train dynamics were identified.

The project was concluded with a case study of a cam profile optimisation project.
Dynamic problems were found that would normally not have been identified without
the dynamic model.
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Uittreksel

Modellering en Verifiëring van Klep stelsel Dinamika in Enjins

M. Husselman
Departement Meganiese Ingenieurswese

Universiteit van Stellenbosch
Privaatsak X1, 7602 Matieland, Suid-Afrika

Tesis: MScIng (Meg)

Desember 2005

Hierdie studie behels die modellering en verifiëring van die hefboom volger klep stelsel
rangskikking met die fokus gemik op die nie-liniêre gedrag van hoë spoed klepvere.

Die projek was opgedeel in drie fases naamlik; die meting van die klep stelsel dina-
mika, modellering van die klep stelsel komponente en die verifiëring van die dinamiese
model deur vergelyking van die resultate van die twee eersgenoemde fases.

Versnelling en kragte metings was geneem op ’n werkende enjin. ’n Las sel moes
spesifiek vir hierdie doel ontwikkel word. Daar was gebruik gemaak van digitale sein
prosessering vir die analise van alle gemete data.

Die veer model was stapsgewys ontwikkel vanuit ’n soliede model in ’n eindige ele-
ment model, en uiteindelik in ’n dinamiese model. Alle stappe was voortdurend deur
middel van eksperimente en berekeninge geverifieer. Die primêre konsep wat in die
veer modellering gebruik was, leen homself toe aan modale analise teorie in samewer-
king met die super ponering van nie-liniêre eienskappe op ’n liniêre model.

Die dinamiese model was geverifieer en goeie korrelasie was gevind, veral by hoë
enjin spoed waar klep stelsel dinamika ’n belangrike rol speel. Parameter verstellings
kon in die dinamiese model gemaak word en die effek wat sekere enjin meganismes,
soos enjin olie lug inhoud, op die klep stelsel dinamika gehad het, was geïdentifiseer.

Die projek was afgesluit met ’n gevalle studie van ’n nok profiel optimering projek.
Dinamika probleme is gevind wat normaalweg nie sonder die dinamiese model geïden-
tifiseer sou kon wees nie.
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ṡcv Check valve velocity

s̈cv Check valve acceleration

T Torque acting on elastic bodies

Tp Time period of continuous periodic signals

t Time

U Strain or potential energy

Ue Fluid speed at annular section Se

Uoilres Fluid speed at entrance of annular section on the oil reservoir side

Up Plunger velocity

u x-component of fluid velocity vector V

V Volume

V Fluid velocity vector

Vbc, db, dc Wheatstone bridge voltage differences

Vcv Volume of oil passing through the check valve

Vpas Volume of oil passing through the annular slot caused by the gap be-
tween the plunger and tappet

Vvol Volume of high pressure chamber

v y-component of fluid velocity vector V

w z-component of fluid velocity vector V

X( f ) Function of frequency and Fourier transform pair of time function x(t)

Xi Distance of free space between two neighbouring spring coils

x(t) Function representing signals or waveforms in the time domain

y Displacement coordinate along the length of an elastic body or spring
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Chapter 1

Introduction

When designing valve train systems there is generally a conflict between the demand
for fast opening and closing valves, which means large valve accelerations, and the re-
quirement of limiting loads, which means small accelerations. To optimise the design
within these constraints, one has to consider several aspects of the valve train; moving
mass, kinematic characteristics, and dynamic characteristics of the components such as
the hydraulic lash adjuster and the valve spring.

Keeping the moving mass and the kinematic characteristics of the valve train com-
ponents in control is relatively simple compared to the design and analysis of the valve
train dynamics. The cam profile is the primary input parameter which determines the
valve train dynamics and each time its lift curve’s shape is altered, the valve train dy-
namics are bound to change.

It was during such a development project that the impact which the alteration of the
cam curve had on the dynamics of the valve train was questioned. The ability to analyse
the valve train dynamics cost effectively and in house did not exist at that time and the
need for this project was identified. In short the project objectives were to develop a
dynamic valve train model and verify its accuracy through experiments.

It became clear early on that the primary valve train components were the Hydraulic
Lash Adjuster (HLA) and even more importantly, the valve spring. The valve spring had
the lowest stiffness and the lowest natural frequency of all the components in the valve
train. Additionally the dynamic response of the valve spring is substantially different
from its static response due to its internal dynamics.

The most prominent behaviour of valve springs is their non-linear stiffness, primar-
ily caused by contact between neighbouring spring coils. When contact occurs, the
spring’s number of active coils reduces and causes a change in stiffness. Coil contact
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under dynamic conditions is referred to as coil clash and occurs when external excita-
tion cause waves progressing through the spring with amplitudes high enough for ad-
jacent windings to touch. This causes undesired force responses and also has a negative
impact on the durability of the spring.

The focus of this project was directed at the accurate modeling of high speed valve
springs with the objective to capture its non-linear behaviour. Similar attention to the
dynamic behaviour of the HLA was given as it was found that its influence on the dy-
namics of the valve train system could not be ignored either.

Previous work done in the field of modeling valve train dynamics could be divided
into two classes. The first class includes purely mathematical models and forms the ma-
jority of research done in the past. These models capture most of the dynamics of valve
springs, but exclude non-linearities. Only the most recent mathematical models include
non-linearities, but incorporate them by using discretisation techniques and numerical
methods.

The second class includes highly sophisticated and expensive software packages.
These packages are normally based on well known mathematical models and concepts,
but also include dynamic, non-linear finite element theory and iterative processes. These
models are cutting edge, but financially impractical for most organisations.

The model developed in this project made use of the latest concepts in mathematical
models and incorporated it into a basic software package. Thus, by understanding the
dynamics of springs, a sophisticated model was created and constructed in a relatively
simple software package.

With regards to the experimental work done in this project a major limitation was
found with valve train dynamics measurement devices. Measuring valve train dynam-
ics entails measuring relatively large information amplitudes (e.g. large forces, accelera-
tions, etc.), with small sensors (small spaces available) in harsh environments (e.g. high
temperatures, oils, etc) at high speeds (e.g. cam events at 6000 rpm lasts 20 ms).

Previous investigators measured accelerations and forces, amongst others, with suc-
cess and these were decided to be the measured parameters for this project. Although
commercially available accelerometers could be used, a force measurement transducer
had to be developed specifically for this project. It was called the Force Washer Trans-
ducer, or FWT, and was used successfully up to maximum engine speeds and formed
the basis of this project’s experimental work.

Comparisons were made between the measurements from an actual engine and the
results from the dynamic model. Good results were found, especially at high engine
speeds where valve train dynamics play an important role. The successful verification
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of the dynamic model led to illustrating its capabilities by applying it to a case study.
The study was based on an actual project involving cam profile optimisation. Dy-

namic problems were found that would normally not have been detected without the
use of a dynamic model. This demonstration of the dynamic model’s capability fulfills
the project’s original needs.



Chapter 2

Project Overview

This project could be divided into three phases; valve train measurements, valve train
dynamics modeling, and valve train dynamic model verification. The following sections
discuss an overview of the project in light of these phases.

2.1 Valve train dynamics measurements

The first experiment performed was a quasi-static compression of the spring. This was
used to characterise the first spring parameters needed in the dynamic modeling pro-
cess. Much time and effort was then put into the design and development of a valve
train test rig that was intended to operate without combustion and driven by an electric
motor. The quality of the measurements sampled on this mobile test rig was disappoint-
ing and these experiments were abandoned and replicated with measurements taken on
a complete running engine in a conventional engine test cell.

Two experiments were planned to be performed on the test engine. Firstly, accelera-
tions were measured with commercially available accelerometers and these experiments
were relatively simple.

Secondly, spring reaction forces were measured at the seating location of the spring.
No suitable transducer could be found for this specialised measurement and a force
transducer was developed specifically for the use in this project. It was used up to
maximum engine speed with success and produced good measurements which were
used as the basis of the model verification process.

Measuring high speed dynamics in a noisy environment, particularly measuring ac-
celerations, made data processing a necessity. Although hardware filters were used, the
primary data processing was done with Digital Signal Processing (DSP) theory. Nu-
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merous mathematical programs were written to analyse measured data. Amongst these
were Fourier analysis programs and a digital low pass filter.

Fourier theory were applied to calculating cam profile harmonics and performing
frequency spectrum analysis on the measured data. The spectral information was used
to determine cut-off frequencies used in the design of the digital filter.

2.2 Valve train modeling

Although commercial software packages were used extensively in this project, mathe-
matical models were also investigated and applied in order to understand the dynamics
of the valve spring and HLA.

Three models are discussed. Firstly a brief description of the simplest model, the
dual mass spring model, is given.

Secondly, the surge model, based on the wave equation, is discussed in detail. This
model has been used by many investigators with success and forms the basis from which
much research has been done. This model includes the use of modal analysis and is
therefore also popular in modern software packages. The model is illustrated with a
simple example calculation and its shortfalls are pointed out.

Thirdly, the multi-mass discrete model is discussed and is referred to as the basic
concept of the dynamic model used in this project.

A detailed model of the HLA and its functioning were studied and dissected. During
this study it was found that the properties of the HLA influenced the dynamics of the
entire valve train system and could not be treated as a rigid body. Some simplifications
of the model were made in order to implement the HLA into the dynamic model of
this project. By understanding the intricacies of the HLA, these simplifications could
be evaluated and confidently judged. Some interesting dynamic phenomena of HLA is
also discussed.

After the review of existing mathematical valve train models, as well as that of the
HLA, was concluded, attention was focussed on the valve spring. The basic equations
for spring stiffness and natural frequencies were derived from first principles and with
this the fundamental natural frequency of the spring was calculated. This value was
later successfully confirmed with the spring model developed in this project.

What follows is the core of the project; the actual valve train model development.
The modeling process was again divided into three phases; ProEngineer was used for
all solid modeling of all the components, MSC PATRAN/NASTRAN was used for the
Finite Element Method (FEM) modeling of the valve spring and MSC ADAMS was used
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for the construction and development of the complete valve train dynamic model. (Pro-
Engineer is essentially a Boolean-based solid modeling package. MSC PATRAN is a
pre-/post processor (Finite Element (FE) modeling) package used in conjunction with
MSC NASTRAN. MSC NASTRAN is the FE solver package and all elements chosen in
the MSC PATRAN environment during modeling are from the MSC NASTRAN element
library. All analysis result files are MSC NASTRAN files. MSC ADAMS is a dynamics
and mechanisms analysis package.)

The solid modeling is briefly described and consists of work done creating the valve
train components in the three-dimensional environment of Computer Aided Design
(CAD). This discussion leads to the second phase of the modeling process, referred to as
the FEM model.

It should be noted that a FEM model was developed for the valve spring only. Some
simplifications were made in order to define the scope of the project more clearly of
which the most important was that valve spring dynamics would form the primary
objective of this study. All the other components, with the exception of the HLA model,
were modeled as solid, rigid components.

The spring FEM model was first developed as a detailed model of which the results
were used to construct a more efficient model, referred to as the "equivalent model". The
detailed model was developed with meticulous geometric accuracy. A specific element
mesh was planned with boundary conditions, modeling of contact, and integration into
the dynamic model being kept in mind. The detailed model was characterised through
the results of the quasi-static spring compression and confirmed with the theoretical
calculation of the spring’s fundamental natural frequency.

The equivalent model was constructed through discretising the detailed model and
extracting force-deflection relations from it for each of the 22 spring elements that re-
sulted. These force-deflection relations were extracted from a MSC NASTRAN analysis
output file with the aid of a data processing program written specifically for this pur-
pose.

The one-dimensional equivalent model was numerically much smaller, more effi-
cient and less sophisticated than the detailed spring model, but contained identical
dynamic characteristics. By confirming the accuracy of the equivalent model through
direct comparison, the equivalent model was integrated into the dynamic model.

Once the FEM modeling process was completed, the development of the dynamic
model commenced. Firstly, the detail operation of the actual engine valve train system
is discussed, whereafter the simplifications made to implement it into a dynamic model
follows.
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A mathematical model of the HLA was incorporated into the dynamic model and
proved to be essential for the successful correlation of measured data to the dynamic
models. Therefore one of the most important features of the dynamic model was the
capability of oil aeration variation. The FEM spring models were developed with the
spring in its free, uncompressed length and the approach taken to include it into the
dynamic model as compressed is discussed. The dynamic model is then summarised
and the model verification process commenced.

2.3 Valve train dynamic model verification

Once the dynamic models and experimentation were completed, model verification
commenced. The first step taken in the model verification process was to illustrate the
effects the building complexity of the spring model had on the valve train dynamics. It
is shown that all spring mechanisms were necessary to find a good model-measurement
correlation.

The dynamic model had various parameters that could be modified until good mea-
surement data correlation was reached. The valve train dynamics were particularly
sensitive to alteration of the percentage of oil aeration of the HLA. Contact stiffness,
-restitution and -damping values between contacting surfaces could also be optimised.
The measurements to be compared first were the acceleration measurements. From this
first initial comparisons, all spring internal damping had to be eliminated in order to
have good correlation.

Secondly, the Force Washer Transducer (FWT) measurements were compared with
force calculations from the model. Excellent comparisons were found at high engine
speeds, which is the more important valve train operating range. Eventually, a good
overall approximation was found.

Finally, the model’s capability was illustrated by performing a case study on an ac-
tual commercial engine project. The effect that the alteration of the cam profile had on
the valve train dynamics are investigated and back to back comparisons were modeled.
Dynamic problems were identified which would not have been identified without the
bebefit of the dynamic model.



Chapter 3

Valve Train Dynamics
Measurements

The scope of this project included the verification of valve train models by measuring
the valve train dynamics experimentally. These measurements are often limited to the
measurement of valve displacement or strain in rocker and camshaft bearing caps. Some
investigators have directly measured velocities and/or accelerations at various points in
the valve train.

Bakonyi (1968) measured velocities of the valve head in motored Overhead camshaft
(OHC) engines and numerically differentiated and integrated to obtain valve accelera-
tion and displacement respectively. Taylor & Campbell (1989) attached a piezoelectric
accelerometer to the rocker arm and obtained acceleration measurements in a running
diesel engine. Roskilly (1986) measured the acceleration of the valve head in a motored
engine and Seidlitz (1991) attached nine accelerometers to various parts of the valve
train as well as strain gauges on the pushrods and springs in a motored engine. Kreuter
& Maas (1987) measured forces, valve acceleration and hydrodynamic oil film thickness
in a motored engine and observed that forces and accelerations are the most important
criteria to evaluate valve train dynamics.

References to the above investigators have shown the advantages of acceleration
measurements for dynamic analysis. There are two fundamental reasons for this:

1. Accelerometers typically have broader bandwidth than velocity transducers, dis-
placement transducers or strain gauges, and

2. higher derivatives of a function tend to exaggerate the system’s dynamic behaviour.

8
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It was thus decided to verify the valve train dynamics through two measurements;
valve accelerations and spring force measurements. The spring force measurement was
performed with a specially designed force transducer, while the valve acceleration mea-
surement used commercially available sensors and also necessitated rthe use of DSP
theory in the project.

At first it was decided to perform the measurements in a non-combustion environ-
ment. For this purpose, a cylinder head test rig was designed and built. Unfortunately
the results were undesirable and this measurement procedure was exchanged for a run-
ning engine setup on a dynamometer test bed. In addition to accelerations measured in
a running engine, the spring force measurement was also performed on the same engine
under identical operating conditions.

The first experiment though, was a quasi-static compression of the spring used to
verify the flexible spring model. The following sections discuss the above experiments
in detail.

3.1 Static spring deflection

The first experiment of verifying the spring characteristics was the static spring deflec-
tion test. This experiment was relatively simple and quick and was used as a basis to
verify the FE model’s geometry and material specification, such as the Young’s modulus
of elasticity and the Poisson’s ratio.

Two similar valve springs were sampled. Each spring’s force and displacement data
were measured for one compression and expansion stroke resulting in 4 sets of data. The
expansion of the spring was measured to gain extra data that could be used to average
the effect that the measurement equipment might have on the measurement accuracy.

The springs were compressed in an Amsler tensile test machine. The load was mea-
sured with a 1 ton DMD20 load cell and the displacement was measured with a Linear
Variable Differential Transformer (LVDT). The data was amplified and calibrated using
an HBM bridge amplifier. The load cell was calibrated to display 1 N/mV and the LVDT
was calibrated to display 1 mm/0,1 mV. The data was captured with an Eagle 30F I/O
card sampling at 32 Hz. Figure 3.1.1 graphically illustrates the test setup.

The data was sampled for two minutes to allow slow compression and expansion in
order to represent a quasi-static process. Therefore all dynamic effects could be ignored.
Figure 3.1.2 illustrates the result of the two spring compression tests.

After completion of this first experiment, the development of the FEM model could
be started (section 6.4). The next experiment planned was the measurement of the valve
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Figure 3.1.1: Spring static compression test rig and setup.
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 Figure 3.1.2: Spring static compression measurement results.

spring forces and the valve accelerations. The next section discusses the development
of the cylinder head test rig, which was initially planned to be used to perform the
aforementioned measurements.

3.2 Cylinder head test rig

Both the valve spring forces and the valve accelerations were initially planned to be mea-
sured on a non-combustion cylinder head test rig specifically designed for this project.
In short, this approach was abandoned due to the unsatisfactory acceleration data mea-
sured. Nonetheless, the cylinder head test rig is briefly discussed here and concluded
with possible reasons for the failure of the experiment and also suggested improvements
necessary for future work on the test rig.



CHAPTER 3. VALVE TRAIN DYNAMICS MEASUREMENTS 11

The reasons for initially using a non-combustion cylinder head test rig were:

1. Measuring the friction of the valve train was possible with a non-combustion test
rig which contained the cylinder head only, as will be discussed shortly,

2. the test rig as an integrated system would be less technically demanding than a
combustion driven engine. A fully integrated running engine needed engine and
dynamometer control systems, fire safety systems, cooling and fuel systems, ex-
haust systems, etc.,

3. the cylinder head would be electrically driven and the noise and vibration caused
by combustion and other accessories would not influence the measurements,

4. sensor placement was more favourable with an exposed cylinder head face, and

5. the less harsh environment meant greater sensor durability.

As illustrated schematically in figure 3.2.1, the cylinder head test rig consisted of
the cylinder head, an electric motor and speed controller, external oil circuit including
an hydraulic oil pump, oil sump, oil pressure gauge and a 3-way valve, and various
sensors and data acquisition equipment.

 

 

Figure 3.2.1: Valve train test rig schematic lay-out.
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The fact that the Ford cylinder head had an internal cam chain, instead of the more
common external cam belt, complicated the design of the test rig. The reason for this
was that in the case of an external cam belt system, the cam drive mechanism runs dry
and the lubrication system is separated from it. In the case of the internal cam chain, the
oil return from the cylinder head flows over the cam chain back into the sump.

To accommodate this valve train drive arrangement a sump was designed to encap-
sulate the cam chain and electric motor sprocket. This then also served as the oil return
sump schematically represented in illustrated in figure 3.2.2.

 Figure 3.2.2: Test rig arrangement of main components.

As mentioned earlier, the principle reason for choosing this testing procedure was to
measure the friction of the valve train system. If the torque needed to drive the camshaft
could be measured, the dynamic model could be developed further by including friction
between contacting metal surfaces, as for example the hydrodynamic bearings of the
camshaft.

Torque was measured through a load cell that was loaded by a lever arm. The lever
arm was part of a swivel bed onto which the cylinder head was bolted and driven by
the electric motor. For convenient torque calculations, the point of rotation of the lever
arm and swivel bed coincided with the centre axis of the camshaft. The torque necessary
to overcome the camshaft friction was thus simply the force measured at the load cell
multiplied by the lever arm length. Figure 3.2.2 also illustrates this concept and the
placement of the swivel bed.
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Two other sensors were used to capture additional data. PCB accelerometers, weigh-
ing three grams each and capable of measuring 500 g, were located on the valve face of
the intake valve of cylinder one and four respectively. A standard Ford camshaft phas-
ing sensor was used to measure and record camshaft rotation speed accurately. The
latter measurement was also used to distinguish between different cam events.

An HBM bridge amplifier was used to amplify the signal from the load cell. A DSP
Siglab spectrum analyser unit was used to power the accelerometers and capture the
data from all four sensors including the load cell, cam phase sensor and the two ac-
celerometers. All measurements were recorded at 25,6 kHz to ensure the recording of at
least four cam events.

The test rig design had one flaw: At first, the 5,5 kW electric motor did not seem
powerful enough to drive the camshaft. The electric motor would open the valve suffi-
ciently, but during the valve event, severe valve acceleration oscillation was measured. It
became clear that the electric motor was being accelerated and decelerated by the closing
and opening of the valves throughout the valve train system. These accelerations would
superimpose throughout the remainder of the valve event and cause a dramatic clo-
sure of the valve. This increased valve closing velocity and valve closing impact forces.
Unrealistic accelerations and valve bouncing resulted. Even at low engine speeds, the
accelerometers were over-loading (saturating) upon valve closing. These higher valve
impact forces caused vibrations to ripple through the cylinder head and test rig and the
acceleration data captured was noisy to the extent that it did not represent any acceler-
ation curves.

This problem however was not caused by an insufficient electric motor power, but
it is believed that the electric motor has less inertia than the completely assembled en-
gine. This was also worsened by the fact that the standard cam chain and cam chain
tensioning mechanisms could not be used.

Figure 3.2.3 illustrates a comparison between the kinematic valve lift profile and one
of the result sets measured at 1000 rpm. The raw data, sampled at 25,6 kHz, was filtered
with a Windowed-Sinc low pass filter with a cut-off frequency of 896 Hz. (This filter and
other DSP related theory such as the Discrete Fourier Transform (DFT) are discussed in
appendix A.)

The kinematic profile was calculated by performing a three-point forward difference
formula calculation (based on the Taylor series expansion) on the discrete valve lift data.
(Refer to appendix B for brief overview of this three-point forward-difference formula.)
The valve lift data was found by constructing a simple kinematic ADAMS model that
only incorporated the dimensions of the valve train system. No dynamics were included
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 Figure 3.2.3: A comparison between the kinematic and measured valve acceleration data at
1000 rpm.

in this model.
From figure 3.2.3 it can be seen that some correlation between modelled and test data

exists. Both lift-off and seating acceleration peaks correlate well, as well as the maximum
acceleration peaks. The negative acceleration phase however contains large oscillations.
These oscillations were expected, when considering valve spring oscillation in this area,
but the amplitude of the oscillations are too severe.

With further data analysis, it is believed that some sense could be made from the
test rig’s measured data. However, at this point in time, the project was reviewed and
the test rig testing procedure was abandoned with the aim to use a complete running
engine. Unfortunately, valve train friction could not be measured in this situation, but
it was felt that a much more realistic engine operation justified the change of the project
objective and direction.

In case of future use of the cylinder head test rig, the angular momentum of the
electric motor could be increased by adding a flywheel to the cam drive system. Ideally,
the electric motor rotor and test rig flywheel assembly should have identical moment of
inertia as that of the standard Ford crankshaft and Ford flywheel assembly. This should
minimise speed fluctuation and result in more realistic valve closing behaviour.
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3.3 Valve acceleration measurements in running engine

After valve acceleration measurements on the cylinder head test rig were abandoned,
performing these measurements on a running engine was investigated. Unfortunately,
the accelerometer could not be positioned on the valve head anymore, but was rather
located on the follower above the valve tip. This location caused the accelerometer to
move in a slightly arced path with the radius of the arc defined by the follower’s instan-
taneous lever length. Thus, the acceleromoter had a two dimensional movement com-
pared to the one dimensional movement of the valve. This difference was insignificant,
because the virtual sensor created in the dynamic model, was located at the identical po-
sition as the actual sensor during the experiment. Therefore a direct comparison could
be made between measured and modelled values.

A PCB accelerometer identical to the ones used on the cylinder head test rig was
used. This accelerometer weighed three grams and was placed onto the finger follower,
directly above the valve tip (refer to figure 3.3.1). In order to fasten it securely to the
follower, a small piece of mild steel was welded onto the follower and a hole drilled
and tapped through it. Excess metal was machined away to minimise the weight of the
follower. The accelerometer was screwed into the small block of mild steel and a plastic
washer was inserted in between. The total additional mass added to the follower was
5,6 grams.

 

Figure 3.3.1: Accelerometer placement on finger follower in running engine.
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Again the camshaft phasing sensor was used to calculate the exact engine speed at
the time of measurement. It was also used to recognise specific cam events individually
within a set of measured data.

All measurements were performed with the Siglab spectrum analyser and measured
at the maximum hardware sampling frequency of 51,2 kHz. An anti-aliasing filter was
used. Unfortunately again, the accelerometer was over-loading (saturating) severely
above 3000 rpm and only three good measurements were recorded at 1000 rpm, 2000 rpm
and 3000 rpm respectively.

The first step was simply to look at the data in the time domain. Figure 3.3.2 il-
lustrates how noisy the original measured data was. This data was imported into the
MATLAB program written to analyse all measured data. The program’s first calculation
was to multiply the original data with the Hamming window to improve the frequency
resolution by minimising spectral leakage.
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Figure 3.3.2: Original follower accelerometer data with high noise content at 1000 rpm engine
speed.

Next, the frequency domain of the acceleration data was then calculated with the
DFT. (Refer to section A.1.2 for a brief overview on DFT theory.) After that the frequency
domain was converted into polar notation. The complete frequency range is illustrated
in figure 3.3.3.

By looking closer at these frequencies in the frequency domain (figure 3.3.4), it is
noted that throughout the entire frequency domain a signal with a relatively flat region
is present, just below a normalised amplitude of 0,05 · This is called white noise because
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Figure 3.3.3: Complete DFT frequency domain of acceleration data at 1000 rpm engine speed.

it roughly contains an equal amount of all frequencies, the same as white light (Smith
(1999)). The white noise could be originating from fuel combustion noise, other me-
chanical components in the engine, electrical interference noise, ground vibrations from
other test cells in close proximity, etc.
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 Figure 3.3.4: Enlarged DFT frequency domain of acceleration data at 1000 rpm engine speed.

However, certain frequencies add considerable amplitude to the frequency domain
and these frequencies correlate well with calculated spring mode shapes. Table 6.4.1
and figure 6.4.11 show that the modelled first, second and third order of spring natural
mode shapes were approximately between 440-530 Hz, 870-990 Hz and 1000-1400 Hz
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respectively. Unfortunately the modelled first order mode shapes did not correlate that
well with the measured frequencies, but the second and third order mode shapes did.

It should be noted that the spring mode shapes were calculated with the spring de-
coupled from the complete valve train system. As discussed in section 6.5 with refer-
ence to Schamel (1989), decoupling the valve spring from the valve train system does
not have a significant effect on the dynamics and this difference is negligible. Secondly
it should be noted that the resonant frequencies mentioned above were computed on a
free, uncompressed spring. (More about these calculations in section 6.4.) With these
differences between modelled and measured spring set-ups, slight frequency ambigui-
ties could be expected.

With the frequency analysis completed, it was possible to determine suitable cut-off
frequencies in order to avoid high frequency noise. This information was used to design
the Windowed-Sinc low pass filter for this application. It was also possible to verify
the correlation between measured and modelled resonance frequencies. To do this, the
filter was set to a cut-off frequency of 200 Hz, 600 Hz and 1400 Hz respectively. The aim
was to identify the influence the individual spring mode shapes had on the acceleration
data’s vibration content. Figure 3.3.5 illustrates this.

Figure 3.3.5(a) illustrates frequencies below the first spring mode shape. It is clear
that no resonant frequencies were present. Figure 3.3.5(b) includes the first spring mode
shapes. It is clear from this figure that a first order resonance vibration is present. Figure
3.3.5(c) includes both the second and third order spring mode shapes as well. It is clear
that a higher order mode shape is superimposed onto the first order vibration.

Again, the influence of white noise is present, but it became clear that when frequen-
cies in the order of the modelled spring mode shapes were added to the measured ac-
celeration signal, significant vibration amplitudes were added. The correlation between
modelled and measured resonant frequencies is thus verified.

All three engine speed acceleration measurements were analysed with the MATLAB
program and similar results were obtained. With these analysed acceleration measure-
ments the dynamic model could be verified and this is discussed in chapter 7.

3.4 Measurement of valve spring forces

In order to validate the dynamic spring model’s forced response, the capability to mea-
sure forces within the spring needed to be developed.

One method of measuring spring forces being used is applying strain gauges directly
to the spring wire. This has two disadvantages (Schamel, 1993):
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(a) Acceleration frequencies below 200 Hz
(Below first order spring mode shapes).
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(b) Acceleration frequencies below 600 Hz
(Above first order spring mode shapes).
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(c) Acceleration frequencies below 1400 Hz
(Above third order spring mode shapes).

Figure 3.3.5: Acceleration measurements after filtering at various cut-off frequencies.

1. It is difficult to determine the correct location relative to the surge modes of the
spring, and

2. strain gauging of the wire does not show whether severe clashing of the spring
coils occurs. Once a coil rests on the next one, there is no more increase in strain
and no additional information on the spring dynamics are available beyond this
point.

Another more acceptable method is to measure the resultant spring seat force. A
force transducer, to be located between the spring and cylinder head, was required.
Commercially available force transducers were too thick to fit underneath the spring.
The main spatial constraint being the amount of material that could be removed without
cutting into the inlet ports or engine coolant jackets. Thus, a special transducer was
developed from a concept used by General Motors Corporation (Schamel (1993)).
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3.4.1 Development of the Force Washer Transducer (FWT)

The transducer roughly consists of a washer (hence the name FWT) with four ribs on
the circumference, separated by slots every 90 degrees apart. If the device is loaded
each quarter section of the washer acts as a bending beam. This bending is then mea-
sured with a full bridge strain gauge arrangement and calibrated through static spring
compression, to be discussed in section 3.4.3.

The complex geometry of the transducer’s bending ribs, as well as the stress con-
centrations that exist in the various small radii of the transducer, made initial hand cal-
culations complex and justified using Computer Aided Engineering (CAE) techniques
directly. ProEngineer and PATRAN/NASTRAN were used to model the FWT with the
primary objective being to keep the transducer as thin as possible.

Results from the first realistic dynamic model’s results (section 7.3) showed that the
maximum spring seat force varied from approximately 560 N to 595 N from 1000 rpm
to 6000 rpm engine speed respectively. Physically, the spring loaded the cylinder head
asymmetrically due to the ground-off ends of the helical spring. The asymmetry of the
spring’s bottom surface resulted in an area segment of approximately 45 degrees not
being loaded. This posed a problem in the sense that poppet valve springs rotate un-
der normal engine operation. After calibrating the FWT at one spring position, slight
rotations of the spring could result in entirely inaccurate measurements. To solve this
problem, a second washer was designed and referred to as the f orce spread washer, illus-
trated in figure 3.4.1. As the name implies, this washer only spreads the uneven spring
force evenly onto the FWT.

 

Figure 3.4.1: Force spread washer.

With a maximum calculated spring seat force of 595 N at 6000 rpm, each rib is loaded
by a maximum distributed load of approximately 150 N. A safety factor of 1.6 was even-
tually chosen, resulting in a design criteria of 240 N per rib without material failure. The
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FWT has symmetrical ribs and this enabled the modeling of only one half rib, i.e. one
eighth of the complete FWT, and loading it with 120 N. This load was applied as a
NASTRAN Total Load, distributed evenly over the spring’s contact area, directly onto
the tetrahedral elements’ free faces. Tetrahedral elements are generally used for solid
elements using auto mesh functions.

Stainless steel EN57 (E = 207 GPa and ρ = 7,80× 10−6 kg/mm 3) was selected as the
sensor material. EN57 has excellent linear material properties and is ideal for the ap-
plication of measurement instruments Callister (1996). A yield strength of 207 MPa was
assumed and used as the yardstick for optimising the design.

In order to exploit the geometrical symmetry of the FWT and only model one eighth
of the transducer, the model’s boundary conditions were defined in cylindrical coordi-
nates:

1. The nodes on the cross section of the model were only constrained in the Tθ plane,
and

2. the nodes on the bottom contact area were constrained in the TZ plane.

After specifying a global element edge length of 0,7 mm the model was changed man-
ually during design iterations. Changing the three dimensions in the model indepen-
dently and systematically, and each time performing a re-run, eventually led to satisfac-
tory results.

Some dimensions were fixed, but the transducer’s thickness, outside radius and
radii of rounds were design variables and these were changed during design iterations.
Figure 3.4.2 and table 3.4.1 illustrate the five dimensions, t1, t2, t3, r1 and d1, that were
changed, as well as the results of three iterations needed to achieve an optimal design.

The final iteration had a maximum Von Mises stress of 208 MPa. Figure 3.4.3 illus-
trates the stress and strain distribution of a 120 N load on one eighth of the FWT. This
maximum stress was found to be in the corner of the slots separating the ribs. The max-
imum displacement for iteration three was 0,018 mm and was found to be in the middle
of the rib at maximum diameter.

Strain gauges were modelled on the FWT FEM model. This was accomplished by
creating two rod elements and locating them radially and tangentially at the location of
strain gauge application. The area and material properties for the rod elements, both
needed for the input variables to PARTAN’s CROD element, was arbitrarily chosen.
Their minute size meant that they had no effect on the FWT model.

The strain calculated with these two rod elements were −2,529× 10−04 radial strain
and −5,871× 10−05 tangential strain. General strain gauges measure a maximum strain
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Figure 3.4.2: Force washer transducer.

Table 3.4.1: Force washer dimension iterations.

Iter r1 t1 t2 t3 d1 σmax δmax,tip
[mm] [mm] [mm] [mm] [mm] [MPa] [mm]

1 1 3 5 3 14 219 0.014
2 2 2 5 3 15 136 0.012
3 2 2 5 3 14 208 0.018

of 1µm per 1 mm, resulting in a strain of 1× 10−3 · Thus, the maximum strain calculated
for the FWT is a quarter of general strain gauge range and thus an acceptable resolution
was expected.

The natural mode shapes of the FWT were investigated. This was done to ensure
that none of the significant spring surge modes would excite the FWT into its resonance
frequencies. If this materialised, the FWT would cause inaccurate strain gauge mea-
surements. A normal mode analysis was performed with NASTRAN. As expected, the
normal modes of the FWT were much higher than those of the spring. The first two
normal modes of the spring were found at 445,56 Hz and 520,16 Hz respectively (figure
6.4.11(a) and (b)), whereas the first two normal modes of the FWT was calculated to be
23,05 kHz and 61,33 kHz (figures 3.4.4 and 3.4.5).

Thus the spring’s fundamental natural frequency is roughly 50 times lower than the
FWT’s fundamental natural frequencies. From this investigation it was clear that the
spring’s harmonics would not drive the FWT into its resonance frequencies.



CHAPTER 3. VALVE TRAIN DYNAMICS MEASUREMENTS 23

 

Figure 3.4.3: FWT von Mises stress and strain distribution for 120 N per one eighth rib.

3.4.2 FWT calibration

The FWT was instrumented as a full bridge strain gauge arrangement, known as the
Wheatstone bridge. Appendix C contains a short review of the Wheatstone bridge. As
figure 3.4.6 illustrates, two of the strain gauges would measure radial strain, and two
would measure tangential strain. Tangential strain was calculated to have a insignificant
value, but these gauges were still necessary to take advantage of the full strain gauge
bridge arrangement and compensate for the temperature effects.

Although the FWT was designed for a specific load and safety factor (section 3.4.1),
calibration was still necessary. Before calibration was commenced, the FWT was com-
pletely instrumented and installed into the cylinder head. Sensor damage and calibra-
tion discrepancies were minimised through this action. The sensor was installed into
the cylinder head at intake valve number four. The dynamic models used the inlet
cam profiles as input (it was also cooler than the exhaust side) and cylinder four al-
lowed easy exit for the sensor wiring. Four core, shielded wire was used for the sensor
wiring and was routed out of the cylinder head via a small hole drilled for this purpose.
The shielded wire formed a Farraday′s cage that minimised electromagnetic interference
from the engine’s high voltage ignition system, and minimised signal noise.

To compensate for the combined thickness of the FWT and the force spreading washer,
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Figure 3.4.4: First vibration mode of FWT rib vibration at 23,05 kHz.

Figure 3.4.5: Second vibration mode of FWT rib vibration at 61,33 kHz.

the valve seat was machined deeper into the cylinder head to ensure correct spring in-
stallation length. To prevent the FWT from rotating under engine operating conditions
and possibly damaging the extremely thin strain gauge wiring, a small pin was inserted
at a position on the machined valve seat that fitted through one of the slots of the FWT.
Figure 3.4.7 illustrates the cylinder head prior to sensor installation.

The signal from the FWT would be a voltage signal, passing through a HBM bridge
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Figure 3.4.6: FWT underside before being installed into cylinder head.

Figure 3.4.7: FWT positioning location in cylinder head.

amplifier. The final voltage signal had to be characterised into a force value. A small
load cell (100 kg range) was first calibrated for use in the FWT calibration.

The load cell was calibrated by systematically loading it with carefully measured
weights. The precise gravitational constant, g, at the location of calibration is 9,876 01 m/s2

and this was used to calculate the exact force applied on the load cell. With a maximum
sensor range of 12 mV/V an ideal linear load-voltage relationship was measured, illus-
trated in figure 3.4.8.

A linear curve was fitted through these points and the load cell was linearised with
the following equation,



CHAPTER 3. VALVE TRAIN DYNAMICS MEASUREMENTS 26

0

50

100

150

200

250

300

350

400

450

0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8

Load cell output [mV/V]

Lo
ad

 c
el

l l
oa

d 
[N

]

 Figure 3.4.8: Load cell calibration result.

y = 556.16x + 4.0902 (3.4.1)

The next step was to use the load cell to calibrate the FWT. Similar to the first static
compression experiment of section 3.1, the FWT was loaded by assembling the valve
spring, force spread washer and load cell into the cylinder head. A normal clamp was
used to compress the spring until block length. Figure 3.4.9 illustrates the calibration
setup.

 

Figure 3.4.9: FWT calibration setup.
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As was expected from the calculations, the FWT produced small strains. The bridge
amplifier was set to maximum amplification, but the loaded FWT still produced a small
voltage range. In future, a sensor could be designed with a smaller safety factor that
would result in larger displacements and strains. Nonetheless, the measured voltage
range was sufficient and produced a voltage range of approximately 500 mV from a
load of 100 N to 900 N. Figure 3.4.10 illustrates two calibration measurements.
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 Figure 3.4.10: FWT calibration result.

Unfortunately, the load-voltage relation of the FWT was not as linear as that of the
load cell. This was mainly due to a "hump" at approximately 700 N. This "hump" re-
mained present at every other calibration measurement taken and was therefore repeat-
able and accepted as inherent to the FWT. If a linear curve was fitted through these
deviation points, an approximate maximum error of 20 N could result.

Some alternative curve fitting methods were incorporated, some of which included
the cubic spline and polynomial curve fitting methods. All gave undesirable results. It
was thus decided to use linear interpolation to find values between calibrated values.
The final break points (points used for the interpolation) were found by averaging four
different calibration measurements. MATLAB was used to calculate these averages and
find the break points. MATLAB was also used to interpolate (inter1 function) all the
measured values quickly and efficiently.

By calculating average breakpoints and interpolating all measured voltage values
from the FWT with MATLAB, spring force values could be calculated. This concluded
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the FWT calibration, which led to the actual valve spring force measurement, discussed
in the following section.

3.4.3 Valve spring force measurement.

The Siglab spectrum analyser had a maximum sampling rate of 51,2 kHz. This was
deemed insufficient for the spring force measurements at maximum engine speed. A
MicroDaq was available which could sample analogue data up to 96 kHz. Two channels
of information were measured for the valve spring force measurements, or spring seat
force measurements. The FWT voltage, as well as the voltage from the standard Ford
cam phasing sensor, were measured.

In total six measurements were made at engine crankshaft speeds ranging from
1000 rpm to 6000 rpm, every 1000 rpm. Each engine speed measurement was recorded
at a different frequency in order to sample five cam events per recording, as illustrated
in figure 3.4.11. Maximum hardware capability was used at maximum engine speed
however, thus sampling at 96 kHz at 6000 rpm engine speed.
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Figure 3.4.11: Complete FWT voltage recording at 4000 rpm engine speed containing five cam
events.

Every recording was imported into a MATLAB programme written specifically to
perform some basic data processing. Compared to acceleration measurements, all force
measurements were relatively free from noise. The MATLAB programme split each
recording into five separate cam events, calculated the average of the five cam events
and finally filtered this averaged data to 3.5% of the sampling frequency, again using
a Windowed-Sinc low pass digital filter (refer to figure 3.4.12). Filtering the 6000 rpm
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engine speed recorded data at 0.5% of the sampling frequency improved filter perfor-
mance. This averaged and filtered data was used to modify and verify the dynamic
model.
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 Figure 3.4.12: Averaged and filtered FWT voltage recording at 4000 rpm.

The successful completion of the valve spring seat force measurements concluded
the experimental phase of this project. With the aid of the valve acceleration and spring
force measurements the dynamic models could be verified and therefore achieve one of
the primary objectives of the project. This is discussed in chapter 7.



Chapter 4

Mathematical Spring Models

The use of mathematical models was not the objective of this project. Commercial pack-
ages available for use in this project were far more advanced than any mathematical
model that could be developed with this project’s resources. By using these software
packages an advanced and accurate model could be developed in a relatively short
space of time. However, mathematical models were still investigated for background
knowledge and it provided valuable insight into the mechanism of spring dynamics.
Three models are discussed in this chapter, namely the dual-mass model, the surge-
mode spring model and the multi-mass discrete model.

4.1 The dual-mass spring model

The dual-mass spring model is the simplest model for valve springs. It consists of one
linear spring and it’s mass is distributed into two masses located at the ends of the
spring. One of these masses are usually fixed. This model is used when the cam mecha-
nism only serves as a excitation mechanism. This was the first model used in valve train
dynamic models and can be described by the basic, undamped, one degree of freedom
spring-mass system.

mÿ + ky = 0 (4.1.1)

where k is the spring stiffness, m is the active spring mass and y is the displacement
coordinate along the length of the spring.

The model does not take into account any internal dynamics of the spring and is
therefore not suited for the dynamic investigation of valve trains and will therefore not
be discussed further.

30
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4.2 Surge-mode approach model

The surge-mode model is an efficient and accurate model for linear valve springs and
is used extensively in valve train models. Theory used in most software packages are
based on normal mode analysis techniques and therefore this model is relevant to this
project.

The model takes advantage of the fact that an elastic medium fastened at both ends
can be described in terms of normal modes. To a good approximation one can say that
the spring shows wave propagation and disturbances.

The first mode of motion with the lowest frequency is an in phase motion of all the
spring particles with the maximum amplitude in the middle of the spring. Amplitudes
at the end of the spring remain zero due to the fixed ends. In the second mode the two
halves of the spring move in anti-phase with roughly twice the frequency. Figure 4.2.1
illustrates the first two modes of this motion.

 
Figure 4.2.1: First three mode shapes of a linear, one dimensional spring.

The above approximation could be extended to assume that each individual in-
finitely small spring element is governed by the wave equation (Schamel (1989)), a sec-
ond order partial differential equation.

∂ 2ψ(y, t)
∂t 2 = c 2 ∂ 2ψ(y, t)

∂y 2 (4.2.1)
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where ψ is the particle displacement and c =
√

L2 k/m is the speed of wave propagation,
in analogy to the speed of sound in air, and L is the spring length.

The two boundary conditions for this equation is spring displacement at the retainer
side being equal to the valve displacement at the retainer, h(t), and zero at the other end.

ψ(0, t) = h(t) , ψ(L, t) = 0 (4.2.2)

The force exerted by the spring on the valve is proportional to the gradient of particle
displacement, ψ. By adding the pre-load force component, exerted from the spring in-
stallation compression, F0 = kS, where S is the pre-load displacement, the total force
exerted by the spring on the valve is then given by

F = F0 + Lk
∂ψ

∂y
(4.2.3)

Statically, the force is uniform throughout the spring and by using equation 4.2.2 and
equation 4.2.3 we find that the static displacement is

ψ(y) =
(L− y)

L
h(t) (4.2.4)

For the time dependent solution the displacement consists of the static displacement,
s(t), plus the dynamic deviation, µ(y, t)

ψ(y, t) =
(L− y)

L
h(t)− µ(y, t) (4.2.5)

From equation 4.2.5 differentiating partially we find

∂ψ(y, t)
∂y

= −h(t)
L

+
∂µ(y, t)

∂y
(4.2.6)

∂ 2ψ(y, t)
∂y2 =

∂ 2µ(y, t)
∂y2 (4.2.7)

∂ψ(y, t)
∂t

=
(L− y)

L
dh(t)

dt
+

∂µ(y, t)
∂t

(4.2.8)

∂ 2ψ(y, t)
∂t2 =

(L− y)
L

d 2h(t)
dt2 +

∂ 2µ(y, t)
∂t2 (4.2.9)

By substituting equations 4.2.7 and 4.2.9 into equation 4.2.1 the governing equation for
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the dynamic deviation from the static solution is found as

∂ 2µ(y, t)
∂t2 = c2 ∂ 2µ 2(y, t)

∂y2 − (L− y)
L

d 2h(t)
dt2 (4.2.10)

with boundary conditions µ(0, t) = µ(L, t) = 0. If we now examine the free solution of
the dynamic component of the spring motion, we are looking for oscillatory solutions of
the separable form

µ(y, t) = M(y)ejωy (4.2.11)

If we substitute equation 4.2.11 in 4.2.10 and neglect the forcing to get the free solution,
we get

d2M(y)
dy2 +

ω2

c2 M = 0 M(0) = M(L) = 0 (4.2.12)

Using ω/c = nπ/L this ordinary differential equation has the solution

M(y) = sin
(nπy

L

)
n = 1, 2, 3, ... (4.2.13)

again with c2 = L2k/m we get the n’th mode frequency

ωn = nπ

√
k
m

n = 1, 2, 3, ... (4.2.14)

With the above derivation the spring dynamic response problem has been reduced to a
linear partial differential equation and the solution can be expressed as the superposi-
tion of modes. In order to solve for the normal modes, solutions of equation 4.2.10 are
needed of the form

µ(y, t) = ∑
n

Gn(t) sin
(nπy

L

)
(4.2.15)

In order to find this solution we must be able to project the spatial component of the
excitation onto the mode shapes leading to

(L− x)
L

= ∑
n

an sin
(nπy

L

)
0 < x < L (4.2.16)

Since the spatial component of the excitation is a segment out of a saw-tooth character-
istic (cam events produced by the rotating camshaft) and the mode shapes form a sine
series, the solution is simply the Fourier coefficients for a falling saw-tooth characteris-
tic, namely

an = 2/nπ (4.2.17)
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Substituting equation 4.2.16 and 4.2.17 into 4.2.10

∂ 2µ(y, t)
∂t2 = c2 ∂ 2µ 2(y, t)

∂y2 − 2
nπ

sin
(nπy

L

) d 2h(t)
dt2 (4.2.18)

Further substituting equation 4.2.15 into equation 4.2.18 transforms the partial differen-
tial equation from equation 4.2.10 into a series of ordinary differential equations

d2Gn(t)
dt2 +

kn2π2

m
Gn(t) = − 2

nπ

d2h(t)
dt2 (4.2.19)

Using equation 4.2.14, equation 4.2.19 becomes the standard form for a simple undamped
harmonic oscillator with explicit time dependant forcing,

d2Gn(t)
dt2 + ω2

nGn(t) = − 2
nπ

d2h(t)
dt2 (4.2.20)

In the practical application of the valve spring, internal spring damping should be ac-
counted for. Fortunately the damping levels are low and a simple viscous damping
model serves most purposes. The following term should simply be added to equation
4.2.20

2ζωn
dGn(t)

dt
(4.2.21)

However, to keep this mathematical model review simple, the damping is omitted in
this discussion. For further simplicity the solution is scaled in cam angle rather than
time by substituting dt = dφ/ωcs into equation 4.2.21 and simplifying,

d2Gn(φ)
dφ2 +

ω2
n

ω2
cs

Gn(φ) = − 2
nπ

d2h
dφ2 (4.2.22)

where ωcs is the cam rotation speed.
By combining equation 4.2.3, 4.2.4 and 4.2.15 the total force at any position y in the

spring is given by

F(y, φ) = −k

(
S + h(φ)− π ∑

n
nGn(φ) cos

(nπy
L

))
(4.2.23)

Equation 4.2.23 can now be solved easily by expressing the known excitation, h(φ),
as a Fourier series as well (refer to appendix A for a review on Fourier series theory).

d2h(φ)
dφ2 = −n2

∞

∑
n=1

(an cos φn + bn sin φn) (4.2.24)
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The solution of the simple undamped harmonic oscillator equation will also be a Fourier
series for each spring mode and given by

Gn(φ) =
∞

∑
n=1

(pn cos φn + qn sin φn) (4.2.25)

By substituting equation 4.2.24 and 4.2.25 into equation 4.2.22 the complete numerical
solution is found

∞

∑
n=1

[
−n2(pn cos φn + qn sin φn) +

ω2
n

ω2
cs

(pn cos φn− qn sin φn)
]

=
2n
π

∞

∑
n=1

(an cos φn + bn sin φn)

(4.2.26)
By comparison of the coefficients a set of algebraic equations are found to solve the
coefficients p and q with.

pn = an

(
2nω2

cs
π(ω2

n − n2ω2
cs)

)
(4.2.27)

qn = bn

(
2nω2

cs
π(ω2

n − n2ω2
cs)

)
(4.2.28)

With the above derived method it is possible to calculate the spring dynamics, ψ(y, φ),
by knowing the excitation, h(t) or h(φ), and the spring’s natural frequency, ωn. The
spring’s excitation is defined by the cam lobe’s shape and the natural frequency is cal-
culated from spring geometry and material properties (discussed in section 6.2).

As an illustration of this model the spring force at the bottom of the spring, y = L,
was calculated by writing a MATLAB program. The measurement of the forces at this
location in the valve train system was one of this project’s objectives and performing
this calculation could lend some insight into what to expect.

Figure 4.2.2 shows the spring force calculated with the MATLAB program at 3000 rpm.
The figure clearly illustrates the contribution to the total force from the static and the
dynamic component respectively. Note that this solution was found with zero initial
conditions, i.e. F(y, 0) = F(y, 2π) = 0. In reality this is not the case.

There is a difference in oscillations between the valve spring and the rest of the valve
train. The rest of the valve train is a dynamic system which changes dramatically when
the valve opens and closes. In the closed position, the valve is always supported by
the valve seat and all the components are essentially decoupled. Under the decoupled
conditions all oscillations die out rapidly.

The valve spring is completely different. The excitations only takes place during the
cam event, but the spring is always connected between the spring seat and the retainer
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 Figure 4.2.2: Static and dynamic force components of the total spring force.

and never decoupled. Damping in the spring is also very small and the oscillations
excited during the cam event do not die out before the next cam event starts. The result
is non-zero initial conditions. To reach steady state response for the valve spring the
integration time needs to be spread over multiple camshaft revolutions. This sort of
model sophistication goes beyond the scope of this discussion and will not be included
in the above solution.

Surge-mode models are effective and accurate as long as the spring is operating in its
linear ranges. The model does not consider any non-linearity caused by the interaction
between spring windings. Unlimited mode amplitude is possible, thus no coil clash is
included. This limits the model when the valve train needs to be evaluated or optimised
to its dynamic limits. The multi-mass discrete model is a mathematical approach to
solve this limitation and is briefly discussed in the following section.

4.3 Multi-mass discrete model

The multi-mass discrete model formed the basic concept for the dynamic model used
in this project and will be discussed in detail throughout this document. Therefore the
mathematical model will only be discussed in brief concepts and not in as much detail
as the surge-mode mathematical model.

Valve spring geometries have become very complicated and in explaining this Schamel
(1993) states that the increased speed requirements of modern engines forces spring
manufactures to manufacture complicated spring geometries:
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Since the basic spring frequency cannot be increased significantly, increased engine
speeds have caused the lower cam harmonics to become critical and cause spring os-
cillations. To avoid excessive resonance, non-linear springs which change their natural
frequency with lift are being used. In a strict sense the term natural frequency is no-
longer correct for a non-linear spring, since the number of active coils of the spring, Na,
and therefore natural frequency, changes with deformation and spring surge amplitude
of the spring. It is still convenient to use the term since it describes the frequency of the
low amplitude free vibration at any given length of the spring.

The change in natural frequency with lift is therefore caused by coils becoming inac-
tive as they come in contact with adjacent coils. The non-linearity of the spring is thus
caused by geometry arrangements and not by an actual non-linearity of the spring’s
wire stiffness. Oscillations are further limited in some designs by deliberately driving
the valve spring near its solid length during the valve lift, causing additional damping
by coil clashing effects.

Again, by ignoring the damping terms for the purpose of simplicity, the simple dis-
crete model in figure 4.3.1 (a) is governed by the following equation.

mi ḧi = ki(hi−1 − hi) + ki+1(hi+1 − hi) (4.3.1)

Figure 4.3.1: Simple discrete valve spring model (a) without, and (b) with coil clash.



CHAPTER 4. MATHEMATICAL SPRING MODELS 38

Again, as in the case of the surge mode model, we separate the static displacement,
s(t), from the dynamic deviation, µ(t), using the difference formulation h(t) = s(t) +
µ(t).

miµ̈i − ki(µi−1 − µi)− ki+1(µi+1 − µi) = −mi s̈i + ki(si−1 − si) + ki+1(si+1 − si) (4.3.2)

This is the resulting set of differential equations for figure 4.3.1 (a). This model also al-
lows unlimited amplitude and the surge-mode model is equivalent to the discrete model
with the number of masses approaching infinity. The multi-mass discrete model how-
ever, lends the opportunity to define a force between two elements which only acts if
the two elements get too close.

By introducing these additional force laws, this limitation is overcome. The force
laws will act if two neighbouring elements exceeds the available free space, Xi, between
them. This force is refer to as the coil clash force, Fcc.

Fcci =

 f (si, si+1, µi, µi+1, kcl) if si − si+1 + µi − µi+1 ≥ Xi

0 if si − si+1 + µi − µi+1 < Xi

(4.3.3)

Continuing with this model by defining the law for this class force is unnecessary, be-
cause the concept behind the multi-mass discrete model illustrated satisfactorily. The
remaining modeling in this project is ultimately based on this model.



Chapter 5

Hydraulic Lash Adjuster Model

The Hydraulic lash adjuster (HLA) is a standard construction unit used in modern valve
trains. The functioning of the lifter and a detailed hydraulic model is presented in this
chapter. A simplified version of this complete model was planned to be implemented
in the dynamic model and the simplifications are discussed. In order to judge the short-
comings of the simplified model, the influence of the HLA on the valve train system
is studied and discussed over different engine operating ranges. This gave insight into
the accuracy of the simplified model. By comparing the measured valve spring forces,
described in section 3.4.3, against the spring forces calculated in the dynamic model,
validation of this simplified HLA model is achieved.

5.1 The functioning of the hydraulic lash adjuster

As shown in figure 5.1.1, the HLA consists of an housing, a plunger, a plunger return
spring, a check valve, check valve spring and a cage. The high pressure chamber is the
volume between the plunger and housing and is connected to the oil reservoir via the
check valve mechanism. The oil reservoir remains connected to the cylinder head’s oil
rail at all times.

During the cam dwell period (base circle), and under normal operating conditions,
the check valve is closed. The plunger return spring forces the plunger and oil reservoir
against the finger follower and removes any gaps or lash that might exists between the
valve train components. When compressive forces are applied to the HLA, such as in
the event of cam lift, the plunger is forced into the housing, the plunger return spring
compresses and the oil pressure inside the high pressure chamber increases due to the
compression. The pressure increase creates a pressure difference and subsequent leak-

39
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Figure 5.1.1: Hydraulic lash adjuster configuration.

age through the annular slot between the housing and plunger. (The leakage through the
annular slot is the only form of damping the HLA offers.) In the compression process,
the check valve remains closed by the high pressure inside the high pressure chamber.

When lift ends and the cam runs on its base circle again, the forces on the HLA
become smaller than the elastic forces of the plunger return spring and thus the high
pressure chamber expands to occupy any valve clearance. As oil has leaked, a pressure
drop inside the high pressure chamber occurs. The higher pressure in the oil reservoir
forces the check valve to open and allows oil to flow from the oil reservoir and re-fill the
high pressure chamber. The check valve is closed by the check valve spring when the
high pressure chamber pressure equalises with the oil reservoir pressure.

5.2 The HLA as an important valve train component

The HLA has well known advantages and they are being used more and more in modern
valve trains. The operating surfaces of the HLA do not wear and this results in a constant
load exchange during engine life, i.e. no gaps appear between moving parts. Engines
fitted with HLA have less maintenance costs compared to engines fitted with tappets or
shims which need complicated adjustments over time. Due to a decrease in vibration
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from collision excitation, an acoustic improvement results from using an HLA as well.
With these advantages some disadvantages need to be considered as well. Replac-

ing a solid lifter with a hydraulic one means installing a valve train component with
much lower stiffness. This difference increases the lifter’s influence on the valve train
dynamics.

Using the engine oil, which is often mixed with air, as the hydraulic fluid results
in non-negligible compressibility. Being connected to the engine oil supply system can
also cause malfunction of the HLA due to critical conditions in the oil circuit, such as a
malfunctioning or worn oil pump.

The operation of the check valve, that could be described as an additional vibra-
tion system and important for the refill function of the high pressure chamber, is highly
sensitive to the valve train dynamics.

Finally, after engine shut-off, open valves can shorten the hydraulic elements due to
leakage. This causes slack in the valve train and contact loss between valve train com-
ponents that causes severe noise and possible component damage for a limited period
after engine start.

From the above it is clear that the HLA is highly complex and sensitive to various
engine operating conditions. A deep insight into HLA dynamics is thus required. By
studying an effective mathematical model of the HLA, such knowledge and insight is
attained. The following section discusses such a mathematical model in detail.

5.3 Hydraulic lash adjuster model

In overview of the following section, the reaction force, reacting against the compressive
force applied on the HLA by the valve train, needs to be calculated from a model of the
HLA. This section describes this calculation in detail.

Schamel (1989) included a relatively simple HLA model in their valve train model
modelled in ADAMS. It was a damper-spring model characterised from extensive ex-
periments. The model included oil aeration and oil leakage, but did not include check
valve operation. The model was used successfully with good results. Zou & McCormick
(1996) developed a hydraulic model of the HLA and included check valve operation.
They used a step-by-step calculation method to solve a numerical model of the valve
train system. The HLA model used in this project was adopted from the theory devel-
oped by them and their model will be discussed in detail in this chapter. Porot & Trapy
(1993) developed a similar model and applied it onto a direct acting cam valve train
arrangement.
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Oil pressure in the high pressure chamber is determined by its volume and the quan-
tity of oil contained in it. The bulk modulus of elasticity of fluids is defined as

E = − dp
dV/V

(5.3.1)

where p is the pressure of the fluid and V is the volume of fluid mass. The bulk modulus
of elasticity E depends upon the thermodynamic process causing a change of state. The
bulk modulus of oil, Eoil , varies slightly with pressure

Eoil = E0 + βp (5.3.2)

where E0 and β are constants specific to the oil being used.
As mention previously, air entrainment into the oil is common and constitutes a two

phase system which has different properties from either of its components. The mixture
bulk modulus, E, at a reference state is written as

E =
EoilEair

φoilEair + φairEoil
(5.3.3)

where Eair = bulk modulus of air;

φair = volume fraction of air;

φoil = volume fraction of oil.

Zou & McCormick (1996) assumed that the process of homogenisation for the compo-
nents is isothermal and the bulk modulus of air is

Eair = p (5.3.4)

The mass density of the mixture is given by

ρ = φairρair + φoilρoil (5.3.5)

where ρair and ρoil is the density of air and oil in pure state respectively. Zou & Mc-
Cormick (1996) used an experimentally determined viscosity relationship of air-oil mix-
tures found to be

µmix = µoil(1 + 1.0φair) (5.3.6)

where µmix is the viscosity of the mixture and µoil is the viscosity of the oil.
By the definition of bulk modulus (refer to equation 5.3.1) the pressure variation is
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expressed as

dp = −E
dV
V

(5.3.7)

This pressure variation is what Zou & McCormick (1996) used in their step-by-step cal-
culation of high pressure chamber pressure. The numerical iteration could be expressed
as

pn+1 = pn − E
4V
Vn

(5.3.8)

where the subscripts n and n + 1 represents the time steps n and n + 1. Therefore, the
volume variation, 4V, was calculated for each calculation step. Returning to the format
used in equation 5.3.7, the volume variation of the fluid mass is calculated as

dV = dVvol + dVpas + dVcv (5.3.9)

where dVvol = volume variation of the high pressure chamber which depends only on
the change in the distance between the housing and plunger;

dVpas = volume variation of oil passing through the annular slot caused by the
gap between the plunger and housing;

dVcv = volume variation of oil passing through the check valve.

The volume of oil passing through the annular slot from the gap between the plunger
and housing is calculated by (refer to appendix D for the derivation of this equation)

dVpas = Q̇pas dt =πUphg

(
rp +

2
3

hg

)
dt

− π

6µmix
hg

3
(

dp
dx

)(
rp +

hg

2

)
dt

(5.3.10)

where Q̇pas = volume flow rate through the annular slot caused by the gap between
the plunger and housing;

Up = velocity of the plunger;

hg = passage height of the gap;

rp = outside radius of plunger;
dp
dx = pressure gradient over length of gap.

The volume of oil passing through the check valve is calculated by

dVcv = Q̇cv dt =

[
fe Se

(
2
ρ
(phps − poilres)

) 1
2
]

dt (5.3.11)
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where Q̇cv = volume flow rate through the check valve;

fe = discharge coefficient of the check valve passage opening;

Se = annular section opened by check valve displacement;

phps = high pressure chamber pressure;

poilres = oil reservoir pressure.

Calculating the discharge coefficient, fe, becomes complicated and is one of the main
parameters that determines the sophistication of any HLA model.

The reason for the complication is the fact that fe is a function of the Reynolds num-
ber of the fluid flow through the check valve passage. The Reynolds number, in turn, is a
function of the fluid speed through the passage, Ue, which is found by using Bernoulli’s
equation. Using the Bernoulli equation for steady, frictionless, incompressible flow and
the control volume shown in figure 5.3.1, the following expression is found

phpc − poilres

ρ
+

1
2
(Ue −Uoilres) + g(he − hoilres) = 0 (5.3.12)

where Ue = fluid speed at annular section Se;

Uoilres =fluid speed at entrance of annular section on the oil reservoir side;

g = gravitational constant;

he = boundary layer height at annular section Se;

hoilres = boundary layer height at entrance of annular section on the oil reser-
voir side.

Mass conservation is usually a vital part of the Bernoulli analysis. Thus, if Soilres is
the annular section on the oil reservoir side, the flow through the check valve passage is
one-dimensional with constant density. The following relation

SeUe = SoilresUoilres (5.3.13)

together with the assumption that the difference in heights, he and hoilres, is negligible,
compared to the difference in fluid velocities, Ue and Uoilres, the Bernoulli equation 5.3.12
simplifies to

Ue =
2
ρ

(
poilres − phpc

1− Se/Soilres

)
(5.3.14)

From equation 5.3.14 it is shown that the fluid speed Ue is a function of the annular sec-
tion, Se. Se is calculated using trigonometric calculations and is expressed as a function
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Figure 5.3.1: Check valve control volume.

of check valve displacement scv. Thus in summary of the above few paragraphs and
equations, the discharge coefficient fe is related to the check valve displacement scv by
the following expression

fe = f (Re = f (Ue = f (Se = f (scv)))) (5.3.15)

The check valve mechanism is found to be a dynamic, independent, single degree of
freedom, spring mass system.

∑
i

Fi = mcv s̈cv (5.3.16)

where mcv is the mass of the check valve and s̈cv the check valve acceleration. The ap-
plied forces on the check valve, Fi, are the oil pressure force, Fprs

cv and the viscous friction
force, Fvis

cv . The pressure force acting on the check valve is calculated by

Fprs
cv = πr2

h(phps − poilres) (5.3.17)

where rh is the radius of the check valve passage. The viscous friction force acting on
the check valve is calculated by

Fvis
cv =

π

2
fd r2

cv ṡcvρ (5.3.18)

where rcv is the radius of the check valve ball and ṡcv is the velocity of the check valve
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relative to the housing. fe is defined as

fe =

24/Re if Re ≤ 1

24(1 + 3Re/16)/Re if Re > 1,
(5.3.19)

where Re is the Reynolds number which is defined as

Re =
2rcv ṡcvρ

µ
(5.3.20)

Thus, calculating the discharge coefficient, fe, the dynamics of the check valve ball needs
to be known in advance. To emphasise the complication and difficulty of calculating the
dynamics of the check valve, the following facts need to be kept in consideration:

1. Due to the relatively small space the check valve operates in, contact with the
plunger on the one side and with the spring in it’s solid length conditions on the
other side, adds a non-linear component to the dynamic equation in the form of
impact and,

2. air bubbles flowing past the check valve ball adds uncertainty to the applied forces
on the ball.

Essentially, the above two conditions are extremely complicated and have a relatively
small influence on the valve train. However, the check valve spring-mass system has
a free vibration mode shape and resonance frequency associated with it. If the applied
forces excite the check valve into its natural frequency, "normal" check valve operation
behaviour is deviated from and interesting valve train dynamics occur. Some of these
are discussed in detail in section 5.5.

The latest ADAMS/Engine package is one software package that includes most check
valve operating conditions. In the end, the desired accuracy of the valve train model
needs to be established and this will determine the HLA model’s level of sophistication
for one.

Some simplifying assumptions regarding the check valve’s operations were used
successfully in this project and these will be discussed in section 5.4.

Concluding the discussion on the calculation of the discharge coefficient, fe, with or
without simplifications, it is thus possible to calculate the volume variation of the fluid
mass in equation 5.3.9.

Once the volume variation is known, the pressure variation, dp, from equation 5.3.7 is
known. Thus, the pressure inside the high pressure chamber is calculated after each time
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step. Finally with this, the reaction force on the plunger, reacting on the compressive
forces that are applied to the HLA by the valve train, can be calculated. The reaction
force consists of the viscous friction force on the side area of the plunger, Fvis

p , and the
oil pressure force in the high pressure chamber, Fprs

p .
Oil flow thought the annular slot caused by the gap between the plunger and hous-

ing, causes the viscous force given by

Fvis
p = Aside

p τp (5.3.21)

where Avis
p is the side area of the plunger and τp is the shear stress which is given by

τp = µ
Up

hg
−

hg

2

(
dp
dx

)
(5.3.22)

The pressure force acting on the plunger is calculated from

Fprs
p = Abase

p phpc (5.3.23)

where Abase
p is the area of the plunger base.

The discussion on the detailed model of the HLA is therefore concluded. In order
to implement the HLA model into the dynamic model it needs to be simplified. The
reasons for this will be discussed in the following section.

5.4 Implementation of a simplified HLA model

Implementing the HLA model discussed above, adopted from Zou & McCormick (1996),
into the dynamic model of this project calls for simplification of the model. The main
reason for this is that the equations of pressure variation are defined implicitly in the
sense that the pressure is needed to calculate the pressure difference which in turn de-
termines the pressure. Therefore a step-by-step iterative solution method is normally
used.

The dynamic model of the valve train is modelled in ADAMS. ADAMS uses an it-
erative step-by-step solution method to solve the equations of motion for dynamic sim-
ulations. Unfortunately, this solution process or algorithm, was unaccessible for this
project. ADAMS does however have a FORTRAN version of the ADAMS/Solver which
could be used to build and model the HLA as discussed in section 5.3. By compiling a
FORTRAN based computer program the step-by-step volume and pressure variations
could be calculated. This process, however, goes beyond the scope of this project. By
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understanding the effects that simplifying the HLA will have on the valve train system,
or lack of effect for that matter, a simplified model could be used based on the project
objectives and the model accuracy required.

The model eventually used for the dynamic model in this project was relatively sim-
ple. Due to the difficulty of using a step-by-step numerical solution method, both the
time [step] dependant calculation of dVpas and dVcv (equation 5.3.9) could not be calcu-
lated in ADAMS.

The result was that the pressure variation of the high pressure chamber depended
only on the volume variation caused by the change in distance between the housing and
the plunger. Variation of lifter stiffness due to a variation of the air volume fraction of the
oil inside the high pressure chamber was accounted for. This calculation also reduced to
an implicit equation, but was a function of plunger displacement only and independent
of time. The equation was found by combining equations 5.3.3, 5.3.4, 5.3.8 and 5.3.23
(ignoring the bulk modulus of elasticity’s variance with pressure and temperature) to
be (

Fprs
p
)n+1 = Aprs

p

[
(phpc)n −

Eoil(phpc)n

φoil(phpc)n + φairEoil

(dhhpc)n

(hhpc)n

]
(5.4.1)

where dhhpc is the height variation of the plunger relative to the housing and hhpc is the
total distance between the plunger and housing. Subscripts n and n + 1 represents the
iteration steps.

A simple iteration program was written in MATLAB. (Equation 5.4.1 contains the
fundamental equation used in the MATLAB program.) The lifter stiffness, as a func-
tion of plunger displacement and a pre-defined air volume fraction, φair, was calculated.
This characterisation of the HLA was included in ADAMS as a single component force,
represented by a different spline for each air volume fraction. (The use of single point
forces are discussed in section 6.5.)

Figure 5.4.1 illustrates the effect of oil aeration on the lifter stiffness characteristics of
the HLA model calculated from equation 5.4.1.

It is clear that aeration has a profound effect on lifter stiffness due to the immense
compressibility differences between air and oil. Note that at zero plunger displacement,
the lifter force is not zero, but has a value that balances the spring pre-load force, 179 N
in this case. The force decreases steadily until it exerts no force on the valve train at
which point any further lifter expansion is impossible and contact between lifter and
follower is lost.

In the end, the model did not include any check valve operation, nor did it account
for any leakage of oil through the annular slot. The following section describes the
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 Figure 5.4.1: Force characterisation of simplified HLA model with regards to oil aeration frac-
tions.

behaviour of these two mechanisms in detail which provides insight into the accuracy
of the simplified model.

5.5 Influence of the HLA on valve train dynamics

Kreuter & Maas (1987) investigated the behaviour of the lifter under low, medium and
maximum engine speeds respectively. They measured, amongst others, lifter displace-
ment (lifter displacement or shortening is often referred to as lifter "collapse"), check
valve displacement and actual valve displacement. The following section is an evalu-
ation and study of their findings regarding the effect of hydraulic lifters on valve train
dynamics.

5.5.1 Check valve behaviour

It was concluded that during low and medium engines speeds the lifter, more specif-
ically the check valve, behaved normally. However, when considering high engine
speeds, the behaviour of the check valve deviates from its normal operation. In essence,
the check valve opens while it should remain closed and causes additional lifter collapse.
This in turn causes contact loss between valve train components if the check valve opens
during valve lift events, and causes a phenomena called "pre-collapse" if it opens during
cam base circle events.
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Firstly, during cam lift events, vibration of the check valve due to inertia forces, con-
tact forces between check valve and check valve seat and pressure oscillations inside the
high pressure chamber, could cause the check valve to open. As soon as the check valve
opens, back-flow occurs and the lifter collapses, causing contact loss between valve train
components. This malfunction mechanism could be visualised as sporadic buckling of
one of the valve train components. Contact loss then occurs due to the remaining valve
train components carrying momentum and not following the buckling displacement.
Contact loss between components results in accelerated wear, shortening of engine life
and engine noise.

Secondly, near the cam base circle event, where the check valve should have recently
closed after leakage compensation, the check valve could become unstable due to erratic
pressure oscillations. These pressure oscillations together with inertia forces prevents
the check valve from returning to its seat. As soon as the next event begins, the pressure
in the lifter rises and causes the check valve to finally close, but with a small delay. As
a result of this delay there will be back-flow of oil through the valve, which causes a
shortening in the lifter.

Pre-collapse causes some of the cam lift to be absorbed by the collapse of the lifter
instead of driving the valve open. This causes the valve to open with a delay and thus
decrease the valve opening time and ultimately engine performance. Eventual valve
opening velocity also increases considerably and this could again lead to valve bounc-
ing, contact loss between components and increased component wear.

Pre-collapse happens seldom and is difficult to predict and reproduce under test
conditions. Still, pre-collapse is present in most valve train systems fitted with hydraulic
lifters and can have large influences on the valve train dynamics. Kreuter & Maas (1987)
found a reduction in valve opening duration of up to 10 camshaft degrees.

5.5.2 Oil leakage through annular slot

The leakage of oil through the annular slot caused by the gap between the plunger and
housing could be described by referring to equation 5.3.21. It is clear that the leakage
through the slot causes a viscous friction force on the side area of the plunger (equation
5.3.22). This force consists of a component that depends on plunger velocity. This means
that the leakage causes a damping force that adds to valve train system damping.
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5.6 Simplified model accuracy

In summary of the simplified model’s shortcomings, the following is not taken into ac-
count:

1. Contact loss between valve train components caused by unstable check valve op-
eration,

2. Lifter pre-collapse caused by unstable check valve operation resulting in a de-
crease in valve opening duration, and

3. Damping caused by viscous friction forces on the plunger side area caused by the
oil flowing through the annular slot.

All of the above HLA operation mechanisms have relatively small effects on the
overall valve train dynamics. The effect of check valve operation malfunction, which
has the most prominent effect on the valve train system, only occurs in a small engine
operating range. In addition to this, it is not repeatable and highly erratic and would be
difficult to reproduce under test conditions.

The simplified model, existing without the above mechanisms, is considered to cap-
ture the primary functions of the HLA; taking the highly sensitive oil aeration effect into
account, as well as having a realistic hydraulic force-displacement character, illustrated
in figure 5.4.1. The simplified model is regarded as being sufficiently accurate for the
objectives of this project.



Chapter 6

Flexible Body Based Model

6.1 Overview

As discussed in chapter 1, the internal dynamics and oscillations of springs cannot be
ignored in a numerical model. Although the surge-mode approach model captures these
effects, it also allows unlimited amplitude for the deviation displacement of the spring
particles. Non-linear effects such as coil clash is thus not taken into account. This led
to the development of a two-stage flexible body based model described in this chapter.
The first stage is referred to as the detailed model, and the second stage is referred to as
the equivalent model.

The detailed model consists of a detailed FEM model which accounts for the geomet-
ric non-linearity, as well as the interaction between windings of the spring. The model
thus governs the non-linearity in stiffness and frequency. The flexible bodies are gener-
ated from a detailed ProEngineer solid model that was imported into PATRAN. Within
PATRAN a mesh was created manually to ensure a controlled mesh size and mesh ele-
ment distribution and placement. The model consists of three-dimensional wedge ele-
ments and one-dimensional gap elements. Mesh size control was important in order to
locate gap elements at specific nodes throughout the model, as discussed in detail in sec-
tion 6.4. A non-linear static analysis, as well as a modal analysis were performed on the
detailed spring. The results were validated with a quasi-static spring compression ex-
periment and the theoretical calculation of the spring’s fundamental natural frequency.

The results of the detailed model were processed into force-deformation curves and
used to generate the equivalent model’s elements.

The equivalent model consist of one single subdivided element for each flexible body
of the detailed model. Each single spring element’s stiffness reflects the linear stiffness

52
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of the subdivided flexible bodies of the detailed model and was derived from the lin-
ear part of the detailed model’s force-deformation curves. The non-linearity that results
from the coil interactions was again modelled with the gap elements used in the de-
tailed model. The single spring elements used were linear beam elements which were
free to translate only in the longitudinal direction, thus resulting in a one-dimensional
flexible body. The equivalent model was analysed and compared to the detailed model
in respect of static non-linear compression, as well as modal frequencies.

The equivalent model was duplicated into ADAMS and the remaining valve train
components were added as rigid bodies. The HLA being an exception, as discussed in
section 5.3.

6.2 Spring stiffness and fundamental natural frequency

Before the spring modeling of this project commenced, a study into the calculation of
two basic spring characteristics were performed namely; stiffness and natural frequency.
The following section discusses this study in detail.

The external work done on an elastic member in deformation is transformed into
strain, or potential energy. If the member is deformed a distance y, this energy is equal
to the product of the average force and the deflection (Shigley & Mischke (1989)), or

U =
R
2

y =
F 2

2k
(6.2.1)

This equation is general in the sense that it is applicable to both tension or compression
and torsion, provided that the correct dimensions are chosen for k. (By replacing k
with appropriate expressions, strain energy formulas for various simple loadings may
be obtained.) Recall that the spring constant for an axially simple loaded bar is

k =
AE

l
(6.2.2)

This equation does not apply to a long slender bar loaded in compression if there is a
possibility of buckling. Also, when the word simple is used to describe the loading, the
meaning is that no other loads are present and no geometric complexities are present.
Thus, a bar loaded in simple tension is a uniform bar loaded by a tensile force, which is
acting through the centre of the bar.

Similarly, the torsional spring rate of a solid round bar loaded by simple torsion is

k =
GJ
l

(6.2.3)
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By substituting equations 6.2.2 and 6.2.3 into equation 6.2.1 we have the strain energy
for tension or compression and torsion respectively.

U =
F 2l
2AE

(6.2.4)

U =
T 2l
2GJ

(6.2.5)

To obtain an expression for the strain energy due to direct shear, consider the element
with one side fixed in figure 6.2.1. The force F places the element in shear and the work
done is,

U =
Fδ

2
(6.2.6) 
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Figure 6.2.1: One side fixed infinitesimal element.

Since the shear strain is
γ =

δ

l
=

τ

G
=

F
AG

(6.2.7)

we have the shear strain energy as

U =
F 2l

2AG
(6.2.8)

The force-deflection relations of springs are easily obtained using Castigliano’s the-
orem. The theorem states: “When forces act on elastic systems subject to small displacements,
the displacements corresponding to any force, collinear with the force, is equal to the partial
derivative of the total strain energy with respect to that force” (Shigley & Mischke (1989).)
Mathematically, the theorem of Castigliano is,

δi =
∂U
∂Fi

(6.2.9)
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where δi is the displacement of the point of application of the force Fi in the direction
of Fi. The total strain energy for a helical spring is composed of a torsional component
and a shear component, as shown in figure 6.2.2. Strain energy caused by tension or
compression forces is irrelevant and omitted. Using figure 6.2.2 we have

 

Figure Error! No text of specified style in document.-2: (a) Axially loaded helical 
spring; (b) free-body diagram showing that the wire is subject to a direct shear and 
torsinal shear. 
 
The total strain energy for a helical spring is composed of a torsional component and 

a shear component only, figure 5.2. Strain energy caused by tension or compression 
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Substituting the following relations evident from figure 2,  
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where N is the number of active coils. Then using Castigliano’s theorem,  
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Figure 6.2.2: (a) Axially loaded helical spring; (b) free-body diagram showing that the wire is
subject to a direct- and torsional shear.

U =
T 2l
2GJ

+
F 2l

2AG
(6.2.10)

where

T =
FD
2

(6.2.11)

l = πDNa (6.2.12)

J =
πd 4

32
(6.2.13)

A =
πd 2

4
(6.2.14)

Substituting equations 6.2.11 to 6.2.14 into equation 6.2.10, we have

U =
4F 2D 3Na

d 4G
+

2F 2DNa

d 2G
(6.2.15)

Then using Castigliano’s theorem,
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y =
∂U
∂F

=
8FD 3Na

d 4G
+

4F 2DNa

d 2G
(6.2.16)

By defining the spring index as

C =
D
d

(6.2.17)

equation 6.2.16 can be rearranged to yield

y =
8FD 3Na

d 4G
(1 +

1
2C 2 ) (6.2.18)

With the term

(1 +
1

2C 2 ) (6.2.19)

being close to one, we have spring displacement as

y ≈ 8FD 3Na

d 4G
(6.2.20)

With spring rate defined as

k =
F
y

(6.2.21)

we have

k =
d 4G

8D3Na
(6.2.22)

The displacement of the spring elements is governed by the wave equation,

∂ 2ψ(y, t)
∂t 2 = c 2 ∂ 2ψ(y, t)

∂y 2 (6.2.23)

Here we are only interested in eigenvalues of this equation. The n’th mode eigenvalues,
or natural frequencies, in radians per second, are

ωn = nπ

√
k
m

n = 1, 2, 3 . . . (6.2.24)

The fundamental natural frequency is defined at n = 1, and this frequency, in radians
per second, with ω = 2π f , is
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f =
1
2

√
k
m

(6.2.25)

The moving mass of the spring can be defined in terms of the active coils only and thus
we have from equations 6.2.12 and 6.2.14

m = ρV = ρAl = ρ
πd 2

4
πDNa = ρ

π 2d 2DNa

4
(6.2.26)

Substituting equation 6.2.22 and equation 6.2.26 into equation 6.2.25 and simplifying
we get the fundamental natural frequency, in Hertz, of a free-free helical compression
spring.

fn =
2

πNa

d
D 2

√
G

32ρ
(6.2.27)

The above equation is used by Giorelli (2002) to verify the fundamental frequency of a
FE valve spring model. Before attempting to validate this project’s valve spring’s natural
frequency, a dimensional analysis should be performed on the equation 6.2.27.

Equation 6.2.27 is only valid for Systeme International (SI) dimensions. According
to White (1999), there exist four primary dimensions from which all other secondary
dimensions can be derived. These are: mass, length, time and temperature. Two of the
most crucial secondary dimensions to this project are force and pressure. Expressing
equation 6.2.27 dimensionally we have,

{T −1} = {L}{L −2}({ML −1T −2}{M −1L 3}) 1
2 (6.2.28)

Expressing equation 6.2.28 in primary and secondary SI dimensions (kg, m, s, K, N, Pa)
we have

{s −1} = {m}{m −2}({Nm −2}{kg −1m 3}) 1
2 (6.2.29)

Simplifying equation 6.2.29 we have,

{s −1} = ({Nm −1}{kg −1}) 1
2 (6.2.30)

The units for this project are different to that of the SI units. It has the dimensions of kg,
mm, s, K, N and MPa. Equation 6.2.30 thus becomes

{s −1} = ({N(1000)mm −1}{kg −1}) 1
2 (6.2.31)
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By comparing the two dimension systems (equations 6.2.30 and 6.2.31) a conversion
factor is found that is necessary to keep the equation dimensionally homogenous:

{s −1}kg,m,s,K,N,Pa =
√

1000({s −1}kg,mm,s,K,N,MPa = 31.62{s −1}kg,mm,s,K,N,MPa (6.2.32)

6.3 Solid modeling

The final spring model was a combination of three modeling steps, each needed to rep-
resent the physical spring accurately (note the difference in terminology used for the
physical spring and solid spring): The first, the so-called solid model, was modelled in
ProEngineer. The second, the so-called FEM model, was modelled in PATRAN, and the
third, the so-called dynamic model, was modelled in ADAMS. The FEM and dynamic
model’s required their preceding models as building blocks.

ProEngineer is an advanced CAD software package, incorporating Boolean opera-
tions to construct geometry in three dimensional space. Except for the cylinder head
solid model, detail manufacturer’s drawings of the remaining valve train components
could only be obtained in JPEG format. This meant that all the solid models needed to
be re-constructed in ProEngineer from a clean sheet.

The valve train assembly consists of 12 parts, listed in table 6.3.1. The scope of this
project was to focus on the non-linearities of valve springs and the effect of its dynam-
ics on the remaining valve train. The term valve train was defined to entail only one
cylinder’s inlet valve train components. This included one valve, one spring, one cam
lobe, etc. Expanding the model into the entire valve train system would merely be a
modeling duplication exercise. Until camshaft dynamics (camshaft resonance, camshaft
torsional deflection, etc.) and its effect on the valve train needs to be investigated, the
scope of this project would therefore only encompass the modeling of the inlet valve
train components of cylinder one.

With the spring being an exception, the valve train components were modelled rel-
atively simply. During modeling, mass, density and moment of inertia were kept in
mind when decisions were made with regard to the level of detail required. (Appendix
E contains all solid models of the valve train components.) Therefore most details from
the manufacturer’s drawings were included, with the following exceptions:

1. The camshaft model was modified for the sake of simplicity. Only cylinder one’s
valve train components were investigated and therefore the complete camshaft
was redundant. Only one cam lobe was modelled onto a shortened, simplified
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Table 6.3.1: Breakdown of valve train components.

Assembly Components Sub-components

Valve train Cylinder head
Inlet valve seat
Inlet valve
Valve guide
Spring retainer
Hydraulic lash adjuster HLA oil base

HLA oil reservoir
Camshaft Cam

Shaft
Finger follower assy Finger follower

Roller
Spring

shaft. The camshaft was merely a rigid motion generator and its inertia and mass
properties did not influence the dynamic model. This simplification therefore did
not affect the valve train model.

2. Another component that was modified from the original manufacturer’s design,
was the valve guide. A thin plate was added around the guide, representing the
seating surface of the valve spring. The thickness of the plate represents the thick-
ness of the valve stem seal, which is positioned underneath the physical spring, as
well. This allowed the valve spring to be positioned accurately to the correct pre-
compressed length. The valve guide did not influence the dynamic model because
it was a stationary part locked to ground or constrained to not move.

3. As was discussed in chapter 5, the geometry of the HLA is complex. In short
the HLA consists of hydraulic valves, springs, oil chambers, moving parts, etc. A
simplified version was modelled with the dynamic modeling requirements kept in
mind. Eventually the HLA solid model consisted of two components; the HLA oil
base component and the HLA oil reservoir component. The moving mass of the
HLA oil reservoir component was critical and influenced the dynamic response of
the valve train system. The geometry of the moving part was measured from a
disassembled part and modelled to a high accuracy.

4. The valve spring retainer and the collets were merged and modelled as one solid. It
was unnecessary to model these components individually, because their contribu-
tion to the valve train dynamics was merely as moving masses. Both components
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are symmetric around their centre axis as well. As long as the combined mass
of the components reflects accurately in the single solid model, this assumption
remains acceptable.

Modeling dimensions of less than 1 mm in the SI units of metres, quickly became
troublesome with ProEngineer automatically rounding off decimal places. The valve
train components were therefore all modelled in millimetre and kilogram units. Unfor-
tunately, this unit system was to remain the chosen system for this project and added a
slight complication to unit systems and dimensional analysis in general.

Initially, a density of 7,850× 10−06 kg/mm 3 were chosen for all the components.
ProEngineer calculated the mass of the components based on this initial density and
the modelled volume of the components. All moving components were weighed using
a NAGATA mass balance and compared to the initially modelled masses. The solid
models’ densities were adjusted according to the ratio of the weighed masses to that of
the initially calculated masses. This resulted in all moving components having accurate
mass properties such as densities and moments of inertia tensors.

Non-moving components’ densities remained at the initially assumed value, their
mass being irrelevant. Appendix E contains an exploded and assembled view of the
valve train model, as well as tabulated mass properties calculated with ProEngineer.

The complexity of the spring’s geometry was due to a varying pitch, a varying di-
ameter and also ground ends. The Ford spring’s varying pitch (decreasing the pitch to
the spring’s ends) is simply incorporated to allow the two end coils to end with a near
zero pitch. This is done to maximise the spring’s seating area once the ends get ground
off perpendicularly to the spring’s centre axis. The varying diameter however, is incor-
porated to allow the coils with bigger diameters to compress first. From equation 6.2.22
the following relation is deduced

k ∝
1

D 3 (6.3.1)

Thus coil diameter, D, is indirectly proportional to stiffness, k. Approximately 1 coil has
a small diameter and the 5 coils below it have equal bigger diameters. In the event of
high engine speeds and/or excessive spring resonance, the bigger diameter coils will
be allowed to clash, resulting in spring oscillation damping, while at least one coil will
be stiffer and add room for linear compression. The top stiffer coil also "shields" the
moving valve train components immediately above it from normal spring oscillations
that are restrained to the less stiff bottom part of the spring.

An added advantage, although probably not the primary motivation for having a
smaller diameter top coil, is that this allows the spring retainer, which fits into the top
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spring coil, to have a smaller diameter. With the retainer having a smaller diameter, the
moving mass of the spring could be reduced, which in turns increases the fundamental
natural frequency of the valve train system.

Thus, as can be deduced from the above and previous discussions, the complex ge-
ometry of the valve spring has a direct influence on the overall dynamic response of the
valve train. This further motivates the attention to detail necessary to model the spring
accurately.

The spring was modelled using a helical sweep of the cross section of the spring
wire. Five different sections were modelled and merged together afterwards to form the
complete spring. The first (bottom) and fifth (top) section had a constant pitch of 3,7mm,
equal to the spring wire’s diameter. The diameter of the helical sweep of the first section
was a constant 22,7 mm. The sweep diameter of the top section varied from 18,7 mm to
18,1 mm. These sections also had a cut, which represented the ground-off ends.

The second and fourth sections had a linear varying pitch. The starting and ending
pitch would be equal to the respective pitch angles of the spring sections adjacent to it,
thus varying between 8,1 mm and 3,7 mm. Thus the second and fourth spring section
joined the centre section to the two outer sections. Again the helical sweep diameter of
the second section was a constant 22,7 mm, while that of the fourth section varied from
17,4 mm to 18,7 mm.

The centre section, section three, thus had a constant pitch of 8,1 mm and the helical
sweep’s diameter varied from 22,7 mm to 17,4 mm. Section three was the largest of all
the spring sections, containing most of the constant pitch and constant spring diameter
coils. The individual spring sections as well as the assembled spring is illustrated in
figure 6.3.1.

Figure 6.3.1: Spring construction from five sections.
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The dimensions of these sections were partly found from a two dimensional man-
ufacturer’s drawing, and partly from measuring the physical spring and adjusting the
size of the sections until a satisfactory representative spring was modelled.

Except for the above mentioned geometric modeling of the spring and other valve
train components, extra detail were modelled into some of the components in prepara-
tion for their use in the FEM- and dynamic model. (This will be referred to as the second
phase of solid modeling.)

In terms of the FEM model, only the valve spring solid model was further devel-
oped. As will be discussed in detail in section 6.4, a carefully controlled element mesh
was planned for the valve spring FEM model. This mesh required extra detailing of
the geometry of the solid model to assist in the meshing process. Although more geo-
metric modeling was performed in the FEM software package environment, PATRAN,
ProEngineer was used to construct the more complicated geometry.

The most prominent of these were datum curves representing the cross sections of
the spring wire. These curves were required at intervals of 15 degrees. (15 degrees was
the mesh size chosen for the FEM elements of the spring wire.) This was accomplished
by constructing datum planes at 15 degree angles apart and then constructing a datum
curve at each intersection between the datum plane and the spring wire. In addition to
this, the two spring sections that contained ground-off ends, also had to include these
datum curves on their un-cut spring sections.

Two models were finally exported to PATRAN as Initial Graphics Exchange Specifi-
cation (IGES) files. (IGES was originally developed in 1979, by the NBS, to facilitate the
transfer of geometry and annotations from one CAD/CAM system to another. IGES is
the predominant format used for the transfer of geometry information.) One model con-
tained the complete spring with datum curves, the other only consisted of two un-cut
end sections. In PATRAN these two models were overlaid and produced a solid model
consisting of seven spring sections and 219 datum curves (refer to figure 6.3.2).

In terms of preparing the solid model for the dynamic model, various steps and
components needed to be prepared. These included datum points and datum curves at
strategic positions. The datum points would be used to place and orientate mechanisms
in the dynamic model, such as at the centre of the inlet valve for a translational joint
mechanism. Datum curves were used to define curve-to-curve constraints (later devel-
oped into curve-to-curve contact) between contact surfaces. Two contact surfaces were
modelled with curve constraints, the first one being the cam-on-roller contact and the
second one being the follower-on-valve tip contact.

The final solid modeling step was the assembly of the various valve train compo-
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Figure 6.3.2: ProEngineer and PATRAN solid models showing constructed datum curves.

nents in their correct positions. Careful study of the physical valve train system and a
clear understanding of the valve train system operation, as well as a well defined set of
project objectives, were required before commencing modeling of mechanisms and con-
straints for the dynamic model. (The valve train operation will be discussed in detail in
the dynamic model section, section 6.5.)

As far as the assembly of the valve train solid models was concerned, only spatial
positioning was important. The geometry of the components delegated their placement.
Only the finger follower and HLA oil reservoir component had a complex placement.

The finger follower needed four constraints to enable correct placement. These in-
cluded;

1. plane alignment of the cam lobe and the finger follower roller,

2. placing the roller tangentially on the cam lobe,

3. placing the finger follower tangentially on the valve tip, and finally

4. constraining the centre point of the finger follower’s spherical cup, onto the HLA
oil base component’s axis of symmetry.

The final part to be assembled was the HLA oil reservoir component. As discussed
in detail in section 5.1, the primary function of the HLA is to remove lash in the valve
train system. Under ideal conditions there exist no gaps between the finger follower and
its neighbouring components. Therefore the finger follower was assembled tangentially
to all its neighbouring components before the moving part of the HLA was assembled.
The HLA oil reservoir component’s spherical end was constrained to be in contact with
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the finger follower’s spherical cup and its axis of symmetry constrained on the HLA oil
base axis of symmetry.

ADAMS/View was used as the dynamic modeling software package and geometry
was transferred to ADAMS/View as Parasolid files. This was accomplished by using
ProEngineer’s Wildfire version 2.0, which is based on the Parasolid kernel. For those
CAD systems based on the Parasolid kernel, there are many benefits in transferring
geometry in Parasolid files over that of using IGES files. ADAMS/View creates solid
bodies from the Parasolid information that allows further Boolean operations, as well as
the selection of geometric features such as the centre of a circle.

Once the solid spring model was imported into PATRAN and the solid model as-
sembly was imported into ADAMS/View, the second phase of the solid modeling was
completed. Section 6.4 discusses the solid modeling performed in PATRAN.

6.4 FEM model

As mentioned in section 6.1, the spring was modelled in two stages. The detailed model
consists of flexible bodies that enable internal spring surge of the spring to be simu-
lated. The interaction between two neighbouring coils gives the non-linearity of the
total spring. The following sections describe the modeling of the detailed spring in de-
tail.

6.4.1 Modeling flexible spring bodies

The flexible bodies, representing one quarter of a spring winding, comprise of six flex-
ible sections, representing the spring wire every 15 degrees of the spring wire. Each
flexible section is composed of 12 wedge elements, stacked to form a "circular" section.
In essence, these bodies, sections and elements, illustrated in figure 6.4.1, are the build-
ing blocks of the detailed spring model.

The choice of elements was deliberate. Total spatial control of the elements and
nodes were desired in order to place gap elements’ connection points at specified lo-
cations. In short, a single node was needed at the centre of each spring coil cross section.
For such a specification, the more commonly used tetrahedral elements, normally used
with an auto-mesh function, did not suit the application.

A tri-parametric element was needed and the wedge element was chosen. In theory,
the wedge element is identical to the brick element but with a collapsed side. Most solid
elements theory are direct extensions of plane elements. The extension consist of adding
another coordinate and another displacement component. For simplicity the Constant
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Figure 6.4.1: Detailed spring model building blocks.

Strain Triangle (CST) and Linear strain triangle (LST) plane elements, instead of the
wedge or hexahedron elements, are discussed in appendix F.

A choice of wedge element had to be selected from NASTRANS’s Wedge6 and Wedge15
elements, represented here by the CST and LST plane elements respectively (Cook (1995)).
As discussed in section 6.2 and shown in figure 6.2.2, the element loads of an axially
loaded spring has a torsional component and a shear component. From the discussion
in appendix F, the LST element is more suited for bending application and therefore
the Wedge15 element, representing the LST element in theory, was chosen to model the
spring.

After the element choice was made, the finite element modeling could commence.
Two solid models were exported to PATRAN from ProEngineer from which the FEM
model was created. In PATRAN these two models were overlaid and produced a solid
model consisting of seven spring sections and 219 datum curves (refer to figure 6.3.2).
The difference between the two models are only contained in the ends of the spring. One
being ground-off, and the other not. This was done for a specific reason, as will become
clear shortly, but firstly, the construction of the normal spring flexible body section will
be discussed.

Besides the ground-off end sections, the modeling of the spring was relatively sim-
ple. Each wedge element was created between two neighbouring datum curves created
in ProEngineer from the spring wire’s cross section every 15 degrees apart. Each ele-
ment was carefully positioned and the element orientations were all identical, pointing
radially outwards. Figure 6.4.2 illustrates the spring elements without the ground-off
sections.

The ground-off sections were more complicated. First of all, the centre node of
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Figure 6.4.2: Detailed spring elements without ground-off end sections.

the wedge elements were no longer coincident with the spring wire’s centreline. The
spring’s centreline was used to connect gap elements to the flexible bodies, and could
not be ignored. Secondly, more and more element faces needed to be part of the flat
ground-off face as an increasing width of the spring wire gets ground off at the end
of the spring coil. This meant that special care had to be taken to position the nodes
on the circumference of the spring’s cross section. Figure 6.4.3 illustrates two different
ground-off sections and how these nodes were moved.

(a) (b) 

Figure 6.4.3: Spring ground-off cross sections with the ground-off face (a) above, and (b) below
the spring wire centreline.

The reason for importing the solid geometry of the unground-off ends was thus
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to assist in this complicated meshing procedure. The end result was that both spring
ground-off sections had a neatly structured element architecture. This enabled the accu-
rate positioning of gap elements and Multi point constraint (MPC) elements, as will be
discussed shortly. Figure 6.4.4 illustrates the complete top ground-off section.

 

Figure 6.4.4: Top ground-off spring section.

6.4.2 Modeling contact

Coil interaction between two neighbouring spring coils gives the non-linearity of the
total spring. A strategy was needed to model this into the spring and NASTRAN’s gap
elements were used together with a non-linear static analysis type.

In a linear static analysis we implicitly assume that the deflections and strains are
very small and the stresses are smaller than the material yield stresses. This linearity
implies that any increase or decrease in the load will produce proportional increase or
decrease in displacements, strains and stresses. In many structures, at or near failure
(yield) loads, the deflections and the stresses do not change proportionally with the
loads.

Either the stresses are so high that they no longer obey Hooke’s law (linear stress to
strain relationship) or else there are such large deflections that the compatibility equa-
tions (strain to displacement relationship) cease to be linear. These two conditions are
respectively called material and geometric non-linearity. Another type of non-linearity
arises due to the presence of gaps in a structural model. Since the stiffness of a struc-
ture changes substantially after an open gap closes or a closed gap opens, an iterative
(non-linear) analysis is necessary if gap elements exists in the FEM model.

To represent and model coil contact in the spring model, NASTRAN’s CGAP ele-
ments were used. Referring to figure 6.4.5, the following is defined:



CHAPTER 6. FLEXIBLE BODY BASED MODEL 68

~v = vector defined as the action direction of the gap element;

k1 = stiffness of open gap element;

k2 = stiffness of closed gap element;

1, 2 = node numbers defined as connecting points of the gap element.

 
Figure 6.4.5: Graphical representation of the CGAP element.

In principle, modeling the gap elements was simple. At the ends of each flexible
spring section, gap elements were positioned and connected to the nodes on the spring
wire’s centreline, including the ground-off section’s centreline. The initial gap opening
had to be specified accurately. The choice of solid wedge elements resulted in a spatially
symmetric mesh. The initial gap openings were simply the initial distance between
the connecting nodes, minus the two halves of the spring wire diameters. Figure 6.4.6
illustrates the gap elements and their position.

The gap elements open stiffness, k1, was specified to be small enough as to be neg-
ligible, allowing the linear wedge elements to define the stiffness of the spring prior to
contact. The closing stiffness, k2, was characterised by the spring’s wedge element prop-
erties being dependant on the final value for the Young’s modulus of elasticity, E, chosen
for the spring’s material. A small cube with unit dimensions (refer to figure 6.4.7) and
consisting out of spring material, together with equation 6.2.2, was used to calculate the
gap stiffness upon gap closing.
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Figure 6.4.6: Flexible spring sections with gap elements.

 

Figure 6.4.7: Small cube to calculate spring material contact stiffness.

6.4.3 Detailed spring model boundary conditions and constraints

Constraints had a direct influence on the spring’s static and dynamic behaviour. There-
fore, some special constraints were incorporated. NASTRAN’s Rigid Body Element,
type 2 (RBE2) was used.

Using RBE2 elements, defines a rigid body link between an arbitrary number of
nodes. One independent node is selected and an arbitrary number of dependant nodes
are selected. Degrees of freedom is also selected and assigned to the nodes and this
enables the modeling of complicated constraints.

In the case of the physical spring, the two ends are the only parts of the spring that
are constrained. Both ends are assumed to remain flat against the operating surfaces.
All nodes on the bottom ground-off surface remain in contact with the spring seating
surface, and all the nodes at the top ground-off surface remain in contact with the spring
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retainer. In addition to this, all the nodes in contact with these two surfaces are allowed
to expand in the radial direction. These specifications determined that the spring was
constructed in cylindrical coordinates.

The RBE2 elements were applied to the top and bottom spring sections as two sep-
arate application concepts. Firstly, the nodes on the spring’s ground-off surfaces were
connected to the nodes on the spring wire’s centreline, as illustrated in figure 6.4.8. Sec-
ondly, all the nodes on the spring wire’s centreline were connected to the single node on
the spring’s principle axis of symmetry. One for the top section and one for the bottom
section.

(a) (b) 

Figure 6.4.8: Spring ground-off cross sections with MPC (solid lines). The ground-off face (a)
above, and (b) below the spring wire centreline.

The idea of the first application was to ensure that the nodes on the ground-off sur-
face remain in the same plane. In addition to this, the applied force was distributed to
all the nodes on this surface. All six degrees of freedom were dependant on the single
node’s degrees of freedom.

The second application was firstly done to distribute the load from the single node
on the spring’s principle axis of symmetry to the single node of the first MPC application
(which in turn distributed it onto the surface of the ground-off end).

Secondly, and more importantly, the degrees of freedom was specified to allow the
nodes on the spring wire’s centreline (and therefore the nodes on the ground-off surfaces
attached to it) to expand radially, while constrained to move with the surface of the
spring retainer.

This was accomplished by leaving the Tr-direction independent, and the Tθ , Tz, Rr, Rθ

and the Rz dependant on the node on the principle axis of symmetry. Furthermore it is
recommended by MSC that a rectangular coordinate system should be used for any grid
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point that lies on the polar axis. Thus the two nodes chosen to be the independent nodes
for the second application of the MPC’s, were modelled in rectangular coordinates.

These two nodes were only free to move in the Ty-direction. The final result of the
MPC elements are illustrated in figure 6.4.9 showing the top ground-off section only.
The only difference between the top and bottom ground-off surfaces is that the bottom
ground-off surface’s centre node was constrained in all six degrees of freedom.

 

Figure 6.4.9: Top ground-off spring section with MPC elements.

The modeling of the MPC elements concluded the modeling of the detailed spring
elements. The following section discusses the characterisation of the detailed spring
model by adjusting the material properties.

6.4.4 Spring characterisation

By modeling the spring geometrically as accurately as possible, including realistic con-
tact element properties through gap elements and constraining the spring correctly, the
model was assumed to be an accurate representation of the physical spring. The only
outstanding feature was to characterise the spring’s material properties. This was ac-
complished by adjusting the material’s Young’s modulus, E, the Poisson’s ratio and the
spring material’s density.

The spring’s density was calculated in a similar manner to the other valve train com-
ponents, by using the volume calculated with the solid model in ProEngineer and ad-
justing the density value until the spring’s solid model had an aggregate mass equal to
that measured. The end result was a density of 7,375× 10−6 kg/mm 3. The Poisson’s
ratio was assumed to be 0.3.

The spring’s Young’s modulus value was found through performing a static non-
linear compression analysis of the spring with a total load of 800 N. The displacement
of the top node was requested and written to a file for every two percent of the total
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applied load. (This process will be discussed in detail in subsection 6.4.5.) This result
was compared to the quasi-static compression experiment discussed in section 3.1.

The results from this experiment was used to determine the Young’s modulus of
elasticity iteratively with NASTRAN. A final value of E = 220× 103 MPa was found.
The gap element closing stiffness was also updated with the new E value at every itera-
tion analysis by using equation 6.2.2 and figure 6.4.7. The comparison between the FEM
analysis and the experimental spring compression is illustrated in figure 6.4.10.
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 Figure 6.4.10: Spring static compression measurement results compared to detailed FEM model
non-linear static compression analysis.

The detailed spring model thus compared very well with the actual spring with re-
spect to a quasi-static compression. The next step was to compare it dynamically by
performing a modal analysis on the detailed spring model.

All constraints and loads were removed and NASTRAN’s modal analysis calculation
was performed on the spring. By removing all constraints, the first 6 modes are the rigid
body movements having frequencies of near zero Hertz. The remaining modes were
useful and by keeping the result of dimensional analysis (equation 6.2.32) in mind for
correlating the frequencies dimensionally, the next 10 mode shapes are shown in table
6.4.1 and some of these are illustrated in figure 6.4.11.

Giorelli (2002) used equation 6.2.27, derived in section 6.2, to verify the fundamental
frequency of a finite element valve spring model. This verification was also performed
on this project’s spring and the calculation is shown in equation 6.4.1. The physical
values used in this equation were gathered from the manufacturer’s drawing and the
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Table 6.4.1: Calculated mode shape frequencies of the detailed spring model.

Mode shape NASTRAN Corrected Mode
number frequency frequency description

[Hz] [Hz]

7 14.05 444.27 1st compression Y
8 16.45 520.19 1st lateral bending Z
9 16.53 522.72 1st lateral bending X
10 16.65 526.52 1st rotation around Y
11 27.59 872.47 2nd compression Y
12 30.95 978.72 2nd lateral bending Z
13 31.17 985.68 2nd lateral bending X
14 31.71 1002.76 2nd rotation around Y
15 39.41 1246.25 3rd compression Y
16 44.21 1398.04 3rd lateral bending Z

 

Figure 6.4.11: Detailed spring mode shapes at (a) 444,27 Hz, (b) 520,19 Hz, (c) 872,47 Hz and,
(d) 1246,25 Hz.

FEM model results:

fn =
2

πNa

d
D 2

√
G

32ρ

=
2

(3.14)(5.75)
(3,7 mm)

(23,5 mm) 2

√
(84,615× 103) MPa
32(7,375 kg/mm 3)

= 444,99 Hz

(6.4.1)

By comparing the result of 444,99 Hz from the calculation shown in equation 6.4.1,
theoretically derived in section 6.2, with the first mode shape frequency of 444,27 Hz
derived from FEM in table 6.4.1, it was concluded that the detailed spring model was
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adequately accurate with respect to stiffness and material properties.
This concluded the modeling of the detailed spring. The next modeling phase con-

sisted of modeling the equivalent spring from the force-deflection curves of the detailed
model.

6.4.5 Generating force-deflection curves

As mentioned before, the equivalent model consist of one single element for each flexi-
ble body of the detailed model. Each single element’s stiffness reflects the linear stiffness
of the flexible bodies of the detailed model and was derived from the linear part of the
force-deformation curves. The non-linearity that results from the coil interactions, rep-
resented by the non-linear sections of the force-deflection curves, would later be added
into the dynamic model by superimposing a non-linear force on each linear element.
This concept is illustrated in figure 6.4.12 where a detailed spring section is replaced
by a single linear flexible spring element containing a superimposed non-linear force.
For the equivalent model, the non-linearities were also incorporated by the same gap
elements used in the detailed model.

 

Figure 6.4.12: Dynamic spring element progression from detailed spring.

All information needed to construct the equivalent- and dynamic spring model is
processed from the force-deflection curves generated by the static non-linear compres-
sion analysis of the detailed spring in NASTRAN. From the basis of using one flexible
spring element per detailed spring section, spanning 90 degrees of the spring’s coils,



CHAPTER 6. FLEXIBLE BODY BASED MODEL 75

22 sections were calculated to represent the detailed spring, roughly representing five
spring coils.

Isaac Du & Chen (2000) specified that 20 Craig-Bampton (Craig & Bampton (1968))
axial mode sets, up to 7000 Hz, were necessary to have a good representation of static
and dynamic deformation in Internal Combustion (IC) engine valve springs. Referring
to the theory of modal analysis of multi-degree of freedom systems (discussed in section
4.3), we have the following undamped equation of motion for n masses and n springs,
resulting in n equations of the form

mi ḧi = ki(hi−1 − hi) + ki+1(hi+1 − hi) for i = 1 , 2, . . . , n (6.4.2)

The n eigenvalues are determined from the characteristic equation given by

det(λI − K̄) = 0 (6.4.3)

which gives rise to an nth-order polynomial in λ. Solving the determinant of this nth-
order polynomial results in n eigenvalues, or natural frequencies. Having 22 linear ele-
ments available meant that it could be represented by 22 masses and springs that could
calculate 22 axial modes sets. Thus exceeding the Craig-Bampton minimum mode sets
requirement.

The detailed spring analysis is run with an output request that requests the output
of node displacements in steps of two percent of the total applied load. This resulted
in large data files that needed to be analysed. The size of the files made it impractical
to pick through the data manually and a DELPHI computer program was written to
analyse the data. In short, this DELPHI program searched and extracted result sets of
user defined nodes and elements.

Naturally, the 22 spring elements had 23 nodes where the equivalent detailed spring
sections were attached to one another. The gap elements were also attached to these 23
nodes. Only the force-deflection characteristics of these nodes were important. The node
numbers of these nodes were renumbered in NASTRAN to distinguish them clearly
from the thousands of other nodes. These node numbers were one of the two inputs to
the data processing DELPHI program. The other input was the original location of the
nodes in the global coordinate frame, or differently put, vertical heights of each of these
nodes. This second input was used to perform the following tasks and calculations:

1. Import the data file, which was the . f 06 extension file of NASTRAN’s output,

2. import the node numbers of the nodes being searched for,
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3. import the original global z-coordinate, or vertical heights, of these nodes,

4. search and record the z-coordinates of each of the designated nodes at each load
step,

5. calculate the relative displacement between two nodes that will ultimately form
the two connection nodes of their single equivalent spring element. Thus, calculate
the force-deflection curves:

s i,j+1 = 4z i+1,j+1 −4z i,j+1

= (z i+1,j+1 − z i+1,j)− (z i,j+1 − z i,j)
(6.4.4)

where si, j+1 = displacement of spring section i at time j + 1;

z i+1,j+1 = z-coordinate of node i + 1 at time j + 1;

z i+1,j = z-coordinate of node i + 1 at time j;

z i,j+1 = z-coordinate of node i at time j + 1;

z i,j = z-coordinate of node i at time j.

and finally,

6. write a text file that contains all the force-deflection data.

The result was that the text file contained force-deflection data of 22 spring sections.
The data was read into a spreadsheet to linearise the spring sections and separate the
linear part from the non-linear parts of the force-deflection curves. As an explanation
of this process, spring section 16 will be discussed. Figure 6.4.13 contains the original
force-deflection curve for spring section number 16.

As can be seen from this figure, the spring section behaved perfectly linearly until
an applied force of 480 N was reached. Following an increase in applied force, the be-
haviour was again relatively linear (only with a different gradient, or stiffness) until an
applied force of 704 N was reached. A linearisation force of 704 N was used to linearise
the force-deflection curve. What this meant was that a straight line was drawn through
zero and the applied force of 704 N, representing the linear stiffness of spring section
number 16, and all forces above or below this linearisation force was simply added onto
the non-linear force-deflection curve, shown in figure 6.4.14. The linear stiffness of sec-
tion 16, k16, thus being the gradient of the linearisation curve. In the case of section 16,
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Figure 6.4.13: Original force-deflection curve for spring section number 16.

704 N corresponds to a section displacement of 1,1 mm, thus

Fi = kisi

k16 =
F16

s16

=
704 N

1,1 mm

= 640 N/mm

(6.4.5)

 
Figure 6.4.14: Non-linear part of original force-deflection curve for spring section number 16.
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At this point, 22 spring elements were defined, which had 22 linear stiffness val-
ues, as well as 22 non-linear force-deflection curves. The next step was to calculate the
individual mass of each spring element.

The ProEngineer solid model was used to perform this calculation by cutting the
solid spring into the 22 individual spring sections. (Table G.1 in appendix G contains the
discretised information of the detailed spring.) The equivalent spring was constructed
from this tabulated information. The equivalent spring was firstly simulated in NAS-
TRAN and compared with the results obtained from the detailed spring simulation be-
fore being duplicated into ADAMS.

6.4.6 Constructing the equivalent spring

From table G.1 all information was available to construct the equivalent spring. Af-
ter spring model verification was completed in the PATRAN environment, the spring
would be duplicated in ADAMS. The primary difference between the PATRAN equiva-
lent spring model and that of the ADAMS model was in the application of the non-linear
contact between neighbouring coils. The PATRAN model still implemented the gap el-
ements similar to that of the detailed spring model. The ADAMS model used Single
component force (SCF), defined by splines such as the force-deflection curve of figure
6.4.14, superimposed onto the linear spring elements.

The equivalent spring consisted of 22 single flexible elements. Each element’s mass
was distributed into two masses, concentrated at the two ends of the spring elements.
The ratio of all the mass elements distribution was 1:1. Only the two spring elements
at the ends of the equivalent spring had a mass distribution of 1:2. This was a rough
estimation of the spring sections’s active part (one third of the total mass) compared to
the spring section’s inactive part (two thirds of the total mass).

One two-dimensional beam element was used for each flexible spring element. The
beam element was defined through a Young’s modulus value (equal to that of the de-
tailed spring model), individual element length, individual element cross sectional area
and individual material density.

The element length was defined as the global y-length of the corresponding detailed
spring section. With the chosen Young’s modulus, linear spring stiffness known from
table G.1 and the element y-length, the cross sectional area of each element was calcu-
lated with equation 6.2.2. Finally, the density for each spring element was calculated
simply by ρ=m/V.

The gap elements were modelled similarly to the gap elements used in the detailed
model. Care had to be taken when defining the connecting nodes of the gaps, seeing
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that one gap element spanned more than one single spring element. Reference to the
detailed model was essential for this step. Again, the initial gap openings were simply
the initial distance between the connecting nodes, minus the two halves of the spring’s
wire diameters. (Table G.2 of appendix G contains the equivalent spring model’s beam
element properties.)

The equivalent spring was modelled in cartesian coordinates and only had one de-
gree of freedom. Only longitudinal displacements were allowed and this resulted in
a one-dimensional flexible body. Thus, all nodes were constrained in the Tx, Tz, Rx, Ry

and Rz coordinates and free in the Ty-direction. The bottom node was pinned to prevent
rigid body movement.

The first analysis performed on the equivalent spring was the non-linear static analy-
sis in which the spring was simply compressed with a total load of 800 N. The result was
compared with the non-linear, static analysis performed on the detailed spring and is il-
lustrated in figure 6.4.15. This plot also illustrates the error as an percentage. It is shown
that the results compare consistently with an average error of 4% and a maximum error
of 7%.
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 Figure 6.4.15: Error between the detailed spring and the equivalent spring static deflection.

The second verification was done through a modal frequencies analysis. Figure
6.4.16 illustrates the first three mode shapes compared to the un-deformed equivalent
spring. Keeping in mind that only the longitudinal mode shapes of the detailed spring
could be used. Table 6.4.2 illustrates the comparison of mode shape frequencies.
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Figure 6.4.16: (a) Un-deformed equivalent spring model. Mode shapes at (b) 429,97 Hz,
(c) 845,90 Hz, and (d) 1272,63 Hz.

Table 6.4.2: Comparison of mode shape frequencies between the detail spring and the equivalent
spring model.

Detailed spring Equivalent spring

Mode shape Mode shape Mode shape Mode shape
number frequency number frequency error

[Hz] [Hz] [%]

7 444.27 7 429.97 3.2
11 872.47 8 845.90 3.0
15 1246.25 9 1272.63 -2.1

The above results show that with a much simpler equivalent model, satisfactory
results are found. The calculation of the equivalent model is also considerably faster
and model efficiency is vastly improved. These findings support the construction of the
dynamic model based on the equivalent model.

By completing the verification of the equivalent spring model successfully, the FE
modeling is concluded. The following sections discuss the construction of the dynamic
spring model, as well as the adding of the remaining valve train components that leads
to the synthesis of the complete dynamic valve train model.

6.5 Dynamic model

The complete dynamic model was constructed in ADAMS, with models developed and
information acquired from the solid- and FEM models. The dynamic model contained
all the components of one inlet valve train system. On completion of the dynamic model,
a complete valve train model was available for analysis of valve train dynamics, as il-
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lustrated in chapter 8.
Schamel (1989) described, in detail, the possibility of decoupling the spring dynam-

ically from the remaining valve train components without a compromise of accuracy.
In short, due to the large difference in stiffness between the valve spring and the com-
bination of the remaining valve train components (the HLA being the exception), the
computation of the dynamic component of the spring force can be decoupled from the
computation of the valve train dynamics.

For this reason, all the remaining valve train components could be modelled as rigid
bodies, again with the exception of the HLA model. The focus was thus placed merely
on the valve spring- and HLA dynamics.

As was mentioned in section 6.3, a clear understanding of the valve train system’s
operation was required before commencing modeling of mechanisms and constraints
for the dynamic model. The following section describes the physical valve train opera-
tion in detail.

6.5.1 Valve train operation

Various valve train configurations are being used in poppet valve IC engines. The most
common are the centre pivot finger-, the direct acting-, the pushrod- and the end pivot
finger-arrangement (refer to figure 6.5.1).

 
Figure 6.5.1: The (a) centre pivot finger -, (b) direct acting-, (c) pushrod- and (d) end pivot finger
valve train arrangement.

This project involved the study of the end pivot finger valve train arrangement, also
known as the 3D-finger follower valve train arrangement because of the three dimen-
sional freedom of movement of the follower. Figure 6.5.2 illustrates the final assembly
of the valve train components in ProEngineer.
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Figure 6.5.2: Valve train solid model assembly.

In this case the installed spring is only for graphical representation, since the actual
solid model of the spring was modelled in its free length. The spring would be com-
pressed to its installed length in the dynamic model. The non-moving valve train com-
ponents (valve seat, valve guide and the HLA oil base) are positioned into the cylinder
head at specifically machined locations.

The inlet valve is allowed to translate along and rotate around its axis of symmetry,
thus having a < TY, RY > freedom. The valve translation is constrained through contact
with the valve seat and the spring exerting a force through the valve retainer and collets.
The finger follower is in contact with the valve tip. Loss in contact is possible, i.e. in
events of severe valve spring oscillations causing the valve tip and/or finger follower
to deviate from their kinematic profiles. The valve is free to rotate and in practice is a
necessity to prevent fuel and deposit build-up between the valve and valve seat. The
valve experiences friction between:

1. the valve movement in the guide (translational),
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2. the valve and valve seat contact (rotation),

3. the valve stem and the collets (rotation), and

4. movement between the finger follower and valve tip (translation).

The camshaft is only allowed to rotate around its axis of symmetry, thus having a
< RZ > freedom. The cam itself is in contact with the finger follower roller. Contact loss
between the camshaft and roller is possible, similarly as in the case of the finger follower-
valve tip contact. Besides the friction experienced between the cam and roller surfaces,
the cam experiences friction at the hydrodynamic journal bearings in the cylinder head.

The collets are manufactured with grooves that fit into mating grooves on the valve
stem. These grooves are case hardened seeing that it is the only transfer of valve spring
forces to the finger follower and experiences high stresses. The collets have rotational
freedom around its axis of symmetry, < RY >. The valve spring retainer and collets
have matching wedge shaped profiles and are constantly wedged against each other
through the valve spring force.

Although the HLA have been modelled as two separate solid models, it is physi-
cally one pre-assembled component that is simply slid into a machined position on the
cylinder head. It must however be remembered that, dynamically they are two different
parts. The HLA oil reservoir component is allowed to translate along and rotate around
its axis of symmetry, thus having a < TY, RY > freedom.

The HLA is discussed in more detail in section 5.1, but in short, it will translate
and rotate infinitesimally during normal operation. The forces exerted on the HLA
are from the rotating camshaft pressing the finger follower down. The HLA will com-
press slightly until the HLA reaction forces exceed the valve spring reaction forces, from
which point onward the valve spring will experience the most deflection. The finger
follower is positioned onto the spherical surface of the HLA oil reservoir. The mating
surface of the finger follower is also spherical in shape and has the same radius. This
joining between the HLA oil reservoir component and the finger follower forms a spher-
ical contact joint. Similar contact loss between the finger follower and HLA is possible,
as in the case of the finger follower-valve tip contact and the cam lobe-finger follower
roller contact. Besides friction inside the HLA between the plunger and tappet (refer to
section 5.1), friction is also experienced inside the spherical contact joint.

An innovative lubrication system exists in the physical valve train system. The HLA
oil reservoir is connected to the normal oil system of the engine and therefore contains
pressurised oil. The spherical end of the HLA has a 2 mm diameter hole machined into
it. Pressurised oil flowing through this hole lubricates the spherical joint between the
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two components. In addition to this, the finger follower has a minute 0,3 mm diameter
hole machined through the spherical shell. This allows oil to be sprayed directly onto
the roller of the finger follower, thus lubricating the roller to minimise friction between
roller and cam lobe.

Finally the finger follower is positioned, as discussed above, on the HLA and rests
on the valve tip. Theoretically, the finger follower is not constrained. It is free to move
in all 6 degrees of freedom (d.o.f.), even if only infinitesimally. Under normal valve train
operation, contact from the HLA, cam lobe and valve tip defines the movement. The
most prominent movement of the finger follower is rotation around its Z axis rotating at
the HLA contact end (refer to figure 6.5.3 below). The spherical joint between the finger
follower and HLA gives the finger follower the freedom to rotate around its Y- and X
axis as well. The finger follower however has stops (not modelled on the solid model)
at the valve’s side to prevent rotation around the Y axis. The line of contact between
the cam lobe and finger follower roller, as well as the line of contact between the finger
follower and valve tip, prevents rotation around the its Y- and X axis.

Figure 6.5.3: Finger follower solid model illustrating its local coordinate frame.

The most common failure mechanism of the 3D-finger follower valve train arrange-
ment is the dislodging of the finger follower itself, i.e. when severe valve spring oscil-
lations causes loss of some, or all of, the component contacts in such a manner that the
finger follower "jumps" off its rests.

This concludes the discussion on the physical valve train system and its detail oper-
ation. The following section discusses the simplifications made on the mechanisms of
the valve train system in order to minimise redundant degrees of freedom and build the
dynamic model efficiently.
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6.5.2 Valve train mechanism simplifications and implementation

In ADAMS, redundant degrees of freedom do not have any effect on the mechanical sys-
tem, whether they are present or not. An example of one redundant constraint would
be the rotation of the inlet valve around its own axis of symmetry. Physically, the intake
valve moves inside the valve guide with a cylindrical joint. Translation up and down
inside the valve guide is allowed, as well as rotation around the axis of symmetry. By re-
placing the cylindrical joint with a normal translational joint (no rotation around the axis
of symmetry allowed), one system degree of freedom is removed, which removes one
equation of motion from the mechanical system and increases computational efficiency.
In the dynamic model of this project, the removal of redundant degrees of freedom such
as the above exists at almost every component.

Another general simplification was the absence of friction in the dynamic model. As
discussed in section 3.2, when the test rig measurement concept was abandoned, friction
measurement became impossible. This simplification did not effect the results of the
model drastically, if any. Good model-measurement correlation was found without the
inclusion of friction as will be seen in chapter 7.

All the solid models of this study were imported into ADAMS as Parasolid files.
(The spring and HLA being dynamic models and not falling under this criteria.) Each
model was defined as a solid component with the correct model mass, centre point of
gravity and moment of inertia value, as tabulated in table E.1. From here on, mech-
anisms and constraints were fitted to the components. By referring to the above valve
train operation discussion, the following section will summarise the dynamic model and
its simplifications:

All non-moving valve train components were constrained to ground with lock joints.
No degrees of freedom and no relative movement between these parts and ground were
allowed. These included the valve seat, valve guide and the HLA oil base, all of which
were positioned into the cylinder head at clearly defined (machined) locations.

The inlet valve was constrained to the valve guide with a translational joint that only
allowed translation along its axis of symmetry inside the valve guide. Contact between
the inlet valve and inlet valve seat were also modelled with the help of ADAMS’s point-
to-plane contact.

The camshaft was constrained to ground with a revolution joint, or simply put, a
hinge. Thus only allowing rotation around its axis of symmetry. A rotational motion
was superimposed onto this joint and this was the motion generator of the dynamic
model. The cam itself was constrained to the camshaft with a lock joint. Thus no relative
movement between the cam and camshaft was allowed.
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As has been mentioned earlier, the collets were ignored in the solid model and its
mass was simply added to that of the spring retainer. The spring retainer was con-
strained to the valve tip with a lock joint.

The HLA have been modelled as two separate solid models. The HLA oil base part
was constrained to ground with a lock joint. The HLA oil reservoir part was constrained
to the HLA oil base part with a translational joint, only allowing it to translate up and
down along its axis of symmetry. The HLA dynamic model was incorporated into
ADAMS as a Single Component Force (SCF). This SCF acts between two user defined
bodies. The direction vector is chosen to be the line of sight between the two bodies.

The value of the SCF is specified by a function, which in the case of the HLA model
is an AKIMA spline fitted through displacement-force data points (refer to figure 5.4.1)
found from the characterisation equation 5.4.1. In essence, the input to this function is
the relative displacement between the HLA oil base and oil reservoir which results in
an output force (the force expanding the HLA), taken from the spline values. Linear
interpolation and extrapolation is used for values between data break points.

The finger follower is constrained to the spherical end of the HLA oil reservoir part
by means of a revolute joint. In reality, contact loss is possible at this joint, but much less
likely that contact loss between cam and roller, and follower and valve tip. Therefore
contact loss in this joint will only be clear when analysing the joint force. When the joint
force becomes zero, contact is lost.

The revolute joint prevents the finger follower from rotating around the HLA centre
of symmetry, but allows it to rotate around its Z axis (refer to figure 6.5.3). As discussed
in Chapter 3, an accelerometer and a small block of mild steel were added to the follower.
The total additional mass added to the follower was 5,6 g and this was simply modelled
onto the follower as a point mass and constrained to the follower with a lock joint at the
correct location.

The finger follower roller is constrained to the finger follower by means of a revolu-
tion joint, allowing it only to rotate around its axis of symmetry.

In addition to the modeling of a non-linear spring, one of the objectives of this project
was to account for contact loss between components. ADAMS’s two-dimensional curve-
to-curve contact was used between the cam and finger follower roller, as well as between
the valve tip and finger follower.

As the name implies, two curves need to be specified for one curve-to-curve contact
constraint. These curves were constructed from the geometry itself and defined as a
matrix of points. Two closed curves for the cam and finger follower roller, and two open
curves for the valve tip and finger follower were specified respectively.
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In addition to specifying the curves, the type of normal force between two contacting
bodies could be specified. Impact force-based contact was chosen instead of a restitu-
tion force-based contact. Figure 6.5.4 and equation 6.5.1 describe the Impact function in
detail.

 

Figure 6.5.4: Impact force description.

Impact(x, ẋ, x1, k, e, cmax, d) (6.5.1)

where x = distance between the I and J marker;

ẋ = time derivative of x;

x1 = positive real variable that specifies the free length of x;

k = non-negative real variable specifying the stiffness between boundary
surface interaction;

e = positive real variable that specifies the exponent of the force deforma-
tion characteristic;

cmax = non-negative real variable that specifies the maximum damping coef-
ficient, and;

d = positive real variable that specifies the boundary penetration at which
ADAMS/Solver applies full damping.

The stiffness, k, was defined as the material stiffness, calculated similarly to the clos-
ing stiffness of the gap elements used in the FEM model (refer to figure 6.4.7). No damp-
ing was specified for bodies in contact.

With the inclusion of contact, the dynamic model was complete except for the intro-
duction of the dynamic spring model. The following section discussed this.
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6.5.3 Dynamic spring model, pre-compression and pre-load

As was discussed in section 6.4.6, the equivalent spring model was to be copied into
ADAMS by specifying one body for each of the 22 spring elements. (The valve guide
was the ground body to which the first spring component was connected to.) These 22
spring elements were connected to each other through 22 linear springs, using the stan-
dard spring component found in ADAMS. In addition to the 22 linear spring elements,
22 SCF were also incorporated between all the spring bodies. Similarly to the SCF of the
HLA model, each of these 22 SCF were defined by a function that was represented by a
spline. The splines were defined by the non-linear force-deflection curves discussed in
section 6.4.5.

Again, no damping was used in specifying the linear spring components. The reason
for this, as is the reason for specifying no damping between bodies in contact, is that
upon first comparison between the dynamic model and measured data, it became clear
that no damping was prominent in the valve train system. Only by removing all system
damping, a good correlation between test data and the dynamic model was found.

In reality, the only significant damping that exist between valve train components
is the Coulomb damping caused by a layer of oil between the contact surfaces. (This
damping leads to a definition of friction as well.) This Coulomb damping was assumed
to be negligible small. In addition to this, metal to metal contact generally have insignif-
icant damping. (Akiba & Kakiuchi (1988), Baniasad & Emes (1998) and Isaac Du & Chen
(2000)) Thus, the necessity to remove all damping in the dynamic model, to ensure good
comparison with measured data, was to be expected.

The FEM model of the spring was developed and analysed in its free length. The
dynamic spring model had to be inserted into the valve train model pre-compressed
to its working length. The installed length is known and the FEM model was merely
compressed to that length in a static compression analysis. The reaction force (or pre-
load force in this case), as well as the individual spring element displacements, were
calculated. Each spring element of the ADAMS dynamic model was modelled at the
pre-compressed length with the pre-load set to the pre-load calculated from NASTRAN.
Spring stiffness values and force-deflection curves remained unchanged.

After the spring model was incorporated, the dynamic model assembly process was
completed. The next step was the verification of the dynamic model and this is described
in the next section.
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6.5.4 Dynamic model summary

Table 6.5.1 summarises the mechanisms of the final dynamic model. Note that repeti-
tions of mechanisms are omitted.

Table 6.5.1: Summary of dynamic valve train model mechanisms.

Component Connected to Mechanism

Inlet valve seat Ground Lock joint
Valve guide Ground Lock joint

Inlet valve Translational joint
HLA oil base Ground Lock joint

HLA oil reservoir Translational joint
HLA oil reservoir Finger follower Revolute joint
Cam Finger follower roller Curve to curve contact
Camshaft Cam Lock joint

Ground Revolute joint with rotational motion
Finger follower roller Finger follower Revolute joint
Inlet valve Finger follower Curve to curve contact

Spring retainer Lock joint
Spring body 1 Valve guide Linear spring component

Valve guide Single component force
Ground Translational joint
Spring body 2 Linear spring component
Spring body 2 Single component force

Spring body 2 to 20 Spring body 3 to 21 Linear spring component
Spring body 3 to 21 Single component force
Ground Translational joint

Spring body 22 Spring retainer Linear spring component
Spring retainer Single component force
Ground Translational joint

Accelerometer and securing block Finger follower Lock joint

Using the ADAMS’s model verification function, the dynamic model was verified
successfully with the following output and summary:

1. 25 degrees of freedom,

2. 32 moving parts (not including ground),

3. 3 revolute joints,

4. 23 translational joints,
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5. 6 lock joints,

6. 1 motion, and

7. no redundant constraint equations.

By successful verification of the dynamic model in ADAMS, the model was com-
pleted. Model input parameters such as engine speed, damping coefficients, oil aeration
values, etc., could now be changed until good measured data verification was achieved.
Dynamic model verification is discussed in the following chapter.



Chapter 7

Dynamic Model Verification

As discussed in chapter 3, the finger follower acceleration above the inlet valve tip, as
well as the spring seating force, were measured experimentally on a running engine.
ADAMS allows various measurements to be placed at various locations on the dynamic
model. Thus, an acceleration measurement was located at the point of measurement
on the physical engine. The spring seating force were also measured on the ADAMS
model.

Measurement results from sections 3.3 and 3.4.3 could now be compared with the
dynamic model results. This was one of the primary project objectives and was done
to modify the dynamic model parameters until adequate model accuracy was reached.
After an acceptable level of model verification was reached, the dynamic model was
deemed representative of the physical valve train system and various analysis on the
valve train could be conducted.

Various other measurements were added throughout the model such as valve dis-
placement, -velocity, -acceleration, contact force between bodies in contact, HLA reac-
tion force, HLA displacement, etc. However, these are not verification measurements,
but rather analysis measures and will be discussed in chapter 8.

7.1 Dynamic model complexity

In developing the complete dynamic model as discussed in section 6.5.2, four steps were
incorporated. Firstly, only one linear spring was used. Secondly, 22 linear spring ele-
ments replaced the single linear spring. Thirdly, the 22 non-linear force-deflection re-
lations were superimposed onto the 22 linear spring elements, and finally, the HLA
dynamic model was included (prior to this stage no relative motion between the HLA
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oil reservoir and oil base was allowed).
To motivate the above systematic increase in model complexity, the first verification

step was to compare each development step with one another. An engine speed of
4000 rpm was chosen for this illustration. At 4000 rpm, interesting dynamic behaviour
occurs, but not to the extent as in the case of 6000 rpm engine speed, where the objective
of the illustration might be lost.

The simplest form of the model included a single linear spring. The total stiffness,
Ktotal of this spring was calculated to be 28,8 N/mm from the following equation

1
Ktotal

=
1
k1

+ ... +
1
ki

+ ...
1
kn

(7.1.1)

The dynamic profile of this model was very close to the kinematic result of the valve
train simulation and not a good approximation of valve train dynamics if compared
to the other dynamic models, illustrated in figure 7.1.1. Only the second cam event is
plotted to ensure that good system equilibrium is reached. It is evident that the single
linear spring does not account for internal spring oscillations and force superpositions.

However, the multi-spring linear model becomes unstable and is a bad representa-
tion of the actual dynamics. The reason for this is that the linear model does not restrict
un-limited spring body displacement amplitudes. For the non-linear model, the force-
deflection curves was added and these represents physical coil contact and therefore
restricts un-limited spring body displacement.

The final model, compared in figure 7.1.2 with an actual measurement of the spring
force at 4000 rpm, was based on the non-linear multi-spring model, but with the HLA
dynamic model being added. In this case, the oil aeration value is set to 1% air and a
slight oscillation throughout the spring seat force curve is present. This oscillation seems
to have been damped slightly and correlates well with the measurement. This damping
however is caused by the HLA only.

Now that the necessity for the model sophistication has been illustrated, the next
step would be to compare measured acceleration and spring seat force data with the
dynamic model data. In summary, the final dynamic model contained:

1. a multi-component non-linear spring model,

2. an HLA model with the capability to vary the oil aeration value,

3. the capability to include damping, both as internal damping of the spring elements
and as damping between contacting bodies, and

4. no friction.
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 Figure 7.1.1: Modelled spring seat force comparison between the single linear spring model, the
unstable multi spring linear model, and the multi spring non-linear model. 4000 rpm engine
speed.
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 Figure 7.1.2: Spring seat force comparison between the multi spring non-linear model, including

the HLA dynamic model with 1% oil aeration, and measured values. 4000 rpm engine speed.

7.2 Acceleration measurements comparison

At first only the FWT measured data was used to verify the dynamic models. The accel-
eration measurement data was only used as a general comparison. The reason for this
was that the acceleration measurements were much more noisy than the FWT measure-
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ments and for this reason used with more reluctance than the relatively "clean" FWT
measurement. However, the acceleration measurement were used eventually and the
comparisons will be discussed first.

As discussed in section 3.3, data analysis methods such as the DFT and digital fil-
tering were used to analyse the acceleration measurements. Figures 7.2.1 through to
7.2.3 illustrate the comparison between the acceleration measurements and the dynamic
model.
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 Figure 7.2.1: Modelled and measured follower tip acceleration at 1000 rpm engine speed. 1% oil
aeration.

7.3 Force washer transducer measurements comparison

From the FWT measurements, it was clear that very little dynamic damping was present
in the valve train. It was thus necessary to remove all damping from the dynamic model
in order to ensure good correlation. Eventually, the only parameter used to change the
models significantly was the oil aeration values of the HLA model. This proved to be
convenient and efficient.

The oil aeration values were varied from 0.5% to 10% for each engine speed mod-
elled. Figures 7.3.1 and 7.3.2 illustrate the difference between two identical models of
which the oil aeration value was 2% and 0.5% respectively.

Both models correlate well at the end of spring compression, but the difference lies
in the oscillation amplitude between cam events. With a smaller percentage of air in the
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 Figure 7.2.2: Modelled and measured follower tip acceleration at 2000 rpm engine speed. 1% oil
aeration.
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 Figure 7.2.3: Modelled and measured follower tip acceleration at 3000 rpm engine speed. 1% oil
aeration.

oil, the HLA becomes stiffer and less compressible. Oscillation frequency is proportional
to stiffness and therefore increases with a decrease of oil aeration (equation 7.3.1).

ωosc ∝
1

air
(7.3.1)

Oscillation amplitude is inversely proportional to stiffness and therefore decreases with
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 Figure 7.3.1: Modelled and measured spring seat force at 4000 rpm engine speed. 2% oil aeration.
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 Figure 7.3.2: Modelled and measured spring seat force at 4000 rpm engine speed. 0.5% oil aera-

tion.

a decrease in oil aeration. With 2% air, the force oscillations between the cam events
correlated better.

At each engine speed a different oil aeration value was found. The reason for this is
that the oil aeration value is a function of oil viscosity and oil temperature. The dura-
bility of the FWT was an uncertainty and the engine was not allowed to be heated up
properly before measurement was started. Therefore for one, the oil temperature was
increasing during measurement and this influenced the oil aeration. The measurement
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taken at 1000 rpm was the first measurement to be recorded. The engine oil was still cold
and relatively de-aerated and therefore a low value of oil aeration could be expected.

Eventually all measured engine speeds were modelled and model parameters ad-
justed until good correlation was found. At some engine speeds, the correlation fitted
better than others. Figures 7.3.3 through to 7.3.6 illustrate the comparison between mea-
surements of the FWT with that of the modelled results at engines speeds of 1000 rpm,
3000 rpm, 5000 rpm and 6000 rpm.
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 Figure 7.3.3: Modelled and measured spring seat force at 1000 rpm engine speed. Model contains
1% aerated oil.

At 1000 rpm, figure 7.3.3, very little kinematic deviation was observed. The forces
during the spring compression and expansion phase did not correlate too well. This
could be caused by small differences in spring stiffness between the model and the ac-
tual spring. However, the force amplitudes correlate well. As mentioned before, the
aeration value at this speed was the lowest and this is believed to be caused by the fact
that it was measured with cold oil as soon as the engine was started. In other words, it
is hypothesised that the oil was well de-aerated.

2000 rpm was not measured due to the FWT failing before it could be measured.
At 3000 rpm, figure 7.3.4, kinematic deviation is present. Although the forces during

the spring compression and expansion phase correlate to an even lesser extent than that
of at 1000 rpm, the oscillation amplitudes correlate well. In some instances the oscillation
frequencies also tie up. Oil aeration value has increased to 2 percent due to the oil being
heated, less viscous and more aerated.
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 Figure 7.3.4: Modelled and measured spring seat force at 3000 rpm engine speed. Model contains
2% aerated oil.

At 4000 rpm, figure 7.3.1, the two curves correlate well. The oscillation during the
maximum cam lift is captured as well, in frequency and in amplitudes. This dynamic
deviation is typically the illustration of spring surge and well defined at this engine
speed. Even the oscillations after the cam event correlate well, again in frequency and in
amplitude. It also seems as if the slight damping of the oscillations after the cam event
is captured in the model.

Unfortunately, the oscillations before the cam event are not well predicted by the
model. This might be caused by the fact that the initial conditions had not yet reached
a state of equilibrium by the time of the second cam event. By investigating this, it was
clear that this was not the case. Roughly in the middle between two cam events it was
found that all oscillations ceased suddenly. This could be caused by ADAMS calculation
algorithm and choice of step sizes as this phenomena was highly sensitive to step size
chosen. This was however the best compromise that could be found and the result was
left as reported.

At 5000 rpm, figure 7.3.5, valve dynamics deviated substantially from the kinematic
profiles and spring forces oscillated with large amplitudes. Unfortunately, at this engine
speed, the oscillation frequencies did not correlate well. Again, slight differences in
natural frequencies could result in these differences between the measured and modeled
results. Oil aeration values of five percent were required for good dynamic prediction
indicating that at this speed, the oil was well aerated.

At 6000 rpm, figure 7.3.6, correlation between measured and modelled values corre-
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 Figure 7.3.5: Modelled and measured spring seat force at 5000 rpm engine speed. Model contains
5% aerated oil.
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 Figure 7.3.6: Modelled and measured spring seat force at 6000 rpm engine speed. Model contains
5% aerated oil.

late exceptionally well. By realising the speed of measurements and the of forces being
measured over microns of displacements, this result at 6000 rpm is better than expected.
Oscillation frequency, -amplitude and -damping correlate nearly perfectly.

With dynamics being more critical at higher engine speeds, the improved correlation
at higher speeds make the dynamic model extremely valuable for analysing valve train
dynamics.



Chapter 8

Case Study: Cam Profile
Modification Analysis

The dynamic model had been verified successfully through actual measurement of spring
seat forces and valve- or cam follower tip accelerations. As a demonstration of the
model’s capabilities and to illustrate how it can fulfil the need for which this project
was initiated, a case study is discussed in this chapter.

8.1 Case study objectives

During a product development project at the engineering company sponsoring this
project, certain engine modifications were done on a production engine. The objective
was to increase the engine performance dramatically. The primary modification was the
improvement of the engine breathing by increasing the inlet valve opening duration and
opening lift.

Due to a lack of suitable models and time the cam profile modification was done
graphically. The proposed development strategy was to manufacture a prototype and
then proceed with an engine test to measure the engine performance increase.

Modifying engine breathing characteristics usually results in a gain and loss process.
For example, if you gain torque in low engine speeds, you lose torque at high engine
speeds and vice versa. Five iterations were necessary before the desired performance
increase was achieved. The final prototype, aptly referred to as Proto5, achieved the
desired performance characteristic with regards to engine power and torque curves and
also engine driveability.

100
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The effect that the cam profile modification had on the valve train dynamics could
also not be analysed thoroughly and this is where the need for this project arose. In
hindsight now, the verified dynamic model would be applied in the analysis of the valve
train dynamics of the Proto5 cam profile. The standard camshaft profile is used as a
benchmark throughout the analysis.

8.2 Cam profile modification

One spatial constraint of the new cam profile design was that it had to fit inside the
standard camshaft profile. No billets of this camshaft were available in the short amount
of time allocated for this development. As figure 8.2.1 illustrates, the basic principle was
to grind the standard cam lobe down to a smaller base circle and keep the standard
maximum lift point identical to the standard profile, thus effectively increasing the lift
of the cam profile.
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Figure 8.2.1: Cam lift and cam profile comparison.

The end result was that the base circle radius was decreased form 15 mm to 14,35 mm
and the maximum lift was increased by 0,5 mm, which related into a 9,5 % increase. By
numerically integrating the area under the cam lift curve using the 1

3 Simpson’s rule
and knowing the valve dimensions, an indication of the area flow rate of the intake port
could be calculated. The difference in the area under the two lift curves were 17,7 %.
Theoretically speaking, if the Proto5 cam profile would operate under an identical vol-
umetric efficiency as the standard cam profile, the engine would breath 17,7 % more
air-fuel mixture which could directly result in an engine performance increase of the
same amount.
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A Taylor series expansion was used to numerically differentiate the cam lift curves in
order to calculate the kinematic cam velocity and cam acceleration curves. From figure
8.2.2 it is clear that both the kinematic velocity and acceleration peaks increased slightly.
The next step was to incorporate the Proto5 camshaft profile into the dynamic model.
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(b) Cam profile acceleration

Figure 8.2.2: Kinematic cam profile velocity and acceleration comparison.

Another useful criteria that could assist in the comparison of the two cam profiles
would be the calculation of the harmonic contents of the profiles. Norton (1998) used
the detailed spectral information of the camshaft as the input function of a Frequency
Response Function (FRF) in his study of the vibrational characteristics of valve trains.
The spectral information of the camshaft profiles could give us an idea of how the two
different camshaft will excite the valve train system.

To calculate the spectral information of the camshaft profiles, the lift curves were rep-
resented by a Fourier series (Appendix section A.1.1 discusses the Fourier series theory
in detail ). The Fourier series coefficients were expressed in polar coordinates and plot-
ted in figure 8.2.3. (In both cases the DC component, coefficient a0 of equation A.1, was
omitted.) This calculation was done with a MATLAB program written for this project.

All the lower order harmonics of the Proto5 profile had considerably larger ampli-
tudes than those of the standard cam profile. However, from the 5th order harmonic
and above, the amplitudes were slightly smaller than that of the standard cam profile
which means that less probability exists for spring and valve train frequency resonance.
Thus the vibrational content of the Proto5 camshaft valve train system is expected to be
less than the standard system.
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 Figure 8.2.3: Cam profile harmonic content comparison.

8.3 Dynamic model modification

As was stated earlier, the radius of the base circle of the Proto5 camshaft was decreased
by 0,65 mm. By referring to the finger follower valve train arrangement, this meant that
the finger follower would shift up in order to ensure contact between the roller and the
cam lobe, effectively rotating around the valve tip and opening a gap between itself and
the HLA.

To calculate the length the HLA had to elongate in order to take up this valve train
slack, the dynamic model was first simply allowed to reach static equilibrium. With
the smaller camshaft inserted into the model, the modelled oil pressure in the HLA was
allowed to expand the HLA until the valve train model slack was removed and all force
were statically balanced again. The amount the HLA elongated was precisely 0,3 mm.

However, neither the model nor the actual engine, were ran in this configuration.
Allowing the HLA to expand to that length would cause it to operate outside it’s al-
lowable operating length. A small spacer disc 0,3 mm thick was inserted between the
HLA and the cylinder head, thus lifting the whole HLA. This meant that the HLA still
operated under identical conditions to that of the standard engine arrangement.

8.4 Dynamic model comparison measures

Now that the two dynamic models had been set-up, many different aspects could be in-
vestigated. However, some are more interesting than others and these will be discussed
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here. Most of the parameters discussed in this section were analysed from 1000 rpm to
6000 rpm at intervals of 1000 rpm.

The obvious parameters to look at are the valve lift, valve velocity and valve accel-
eration curves. Additionally, the possibility to analyse valve train forces also exists. By
increasing engine performance, it is reasonable to assume that the engine will be un-
der more strain. In the specific application of Proto5, higher accelerations could lead
to increased acceleration forces, which in turn could lead to contact loss. In the case
of valve train dynamics, contact loss between valve train components could result in
severe engine wear and reliability problems.

Even though contact loss may not be present, the safety margin (the difference be-
tween minimum spring force and maximum acceleration force) could be compromised.
For this, the contact force at the HLA, the contact force between the cam and follower
roller, and the contact force between the valve tip and follower tip were measured.

Another area of concern would be the fact the the spring is compressed 9,5 % more.
This leads to an increase in spring material stresses, in the form of shear stresses, that
would shorten the spring’s operating life. Unfortunately this could not be investigated
by the dynamic model directly. However, higher accelerations and increased spring
compression could lead to a higher percentage of spring coil contact. This would lead to
more internal damping and could actually improve valve train vibrations and operating
life of other components.

As a starting point, the valve lift curves were analysed. Dynamic problems were
found to occur at 6000 rpm and the dynamic model was used to analyse and find expla-
nations for these problems. Figure 8.4.1 illustrates the difference between the standard
and Proto5 valve displacement curves. It was found that the Proto5 camshaft profile had
excessive valve movement after the valve should have been seated, while the standard
cam profile behaved correctly.

This is referred to as "valve bounce" and is usually caused by excessive valve seat-
ing velocity, or valve closing velocity, where the impact velocity of the valve exceeds a
threshold value. By studying the valve velocity curves, figure 8.4.2, it was found that the
valve seat impact velocity of Proto5 was approximately −300 mm/s and the standard
cam profile was −57 mm/s.

Although this value was almost six times more, it was also noticed that the velocities
were negative, meaning the valve was moving away from the valve seat at that time.
Furthermore, it was noticed that the valve increased its speed slightly before it slowed
down again and changed direction before it came in contact with the valve seat. This
indicated that some oscillation in valve train dynamics caused the subsequent valve



CHAPTER 8. CASE STUDY: CAM PROFILE MODIFICATION ANALYSIS 105

-12

-10

-8

-6

-4

-2

0

2

360 420 480 540 600 660 720

Cam angle [degree]

D
is

pl
ac

em
en

t [
m

m
] 

Standard Proto5

 Figure 8.4.1: Valve displacement comparison at 6000 rpm engine speed. Valve bounce is present
with the Proto5 camshaft profile.
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 Figure 8.4.2: Valve velocity comparison at 6000 rpm engine speed. Valve bounce is present with
the Proto5 camshaft profile.

bounce and not high valve impact velocity.
Upon further analysis it was found that the first parameter that drastically deviated

from the standard cam profile’s dynamic behaviour was the contact force between the
cam and follower roller (figure 8.4.3).

At approximately 588 degrees cam angle the contact force spiked to a value of almost
three times more than that of the standard cam profile. What followed was contact loss
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 Figure 8.4.3: Contact force between cam and follower roller at 6000 rpm engine speed.

between the cam and roller (contact force becomes zero) at the exact timing of valve
seating. The contact loss caused valve train back lash and jerking which caused the
oscillations and eventually valve bouncing. In this case, the valve train dynamics of
Proto5 are predicted to fail at 6000 rpm with the Proto5 cam profile.

The question was what caused this sudden spike in contact force. The first step was
to look at the forces at other locations in the valve train. Firstly, the contact force be-
tween valve tip and follower tip did not deviate much from the standard cam profile at
588 degrees cam angle. The same appeared to be the case for the contact force measured
at the HLA (Figure 8.4.4).
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(b) HLA force

Figure 8.4.4: Valve tip to follower tip and HLA contact forces at 6000 rpm engine speed.

However, when referring to the valve acceleration at 588 degrees cam angle the valve
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acceleration were 22 % higher than the standard cam profile, as illustrated in figure 8.4.5.
This increased the acceleration forces and by superimposing them onto the slightly in-
creased contact forces at the valve tip and HLA, caused a large increase in reaction con-
tact force between the cam and follower roller.
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 Figure 8.4.5: Valve acceleration at 6000 rpm engine speed.

Upon further study of the acceleration curve, it was noticed that during peak cam
lift, between 500 and 590 degrees cam angle, a completely different dynamics oscillation,
compared to that of the standard camshaft, existed. (This oscillation was also noticed in
the valve velocity curve of figure 8.4.1.)

The oscillation frequency appeared to be slightly higher than that of the standard
cam profile. The last oscillation in the acceleration curve in the above cam angle range
reached a peak value at the time that the standard cam profile acceleration decreased
dramatically. This point, at approximately 588 degrees cam angle, coincided with the
drastic increase in the contact force between the cam profile and follower roller.

This difference in oscillation dynamics was present in all engine speeds. The reason
for this could be that the Proto5 cam profile contains different cam harmonics than that
of the standard cam profile. Figure 8.2.3 shows that the Proto5 cam profile has larger
high frequencies amplitudes than the standard cam profile. Therefore the input function
to the dynamic system contained a different frequency content and therefore a response
of a different frequency could be expected.

It is believed however that the difference in oscillating frequency is caused by the
difference in spring length under compression. The Proto5 cam profile compresses
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the spring 9,5 % more. When referring to the simple oscillating frequency formula
for springs, equation 6.2.24, the oscillation frequency of springs is proportional to the
spring’s stiffness. The instantaneous stiffness of a non-linear valve springs change with
spring compression and this could lead to a difference in dynamics oscillation during
compression.

Although it is present at all engine speeds, at 6000 rpm the acceleration forces exceed
the valve train system contact limit, i.e. the superimposing of all the contact forces and
acceleration forces exceed the spring force and the valve train system loses contact.

As a summary of the dynamic differences between the standard cam shaft profile
and that of Proto5 the maximum and minimum cam contact forces versus engine speed
was analysed , figure 8.4.6 (with a resolution of 500 rpm).
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 Figure 8.4.6: Comparison of maximum and minimum cam contact forces between the standard
and Proto5 camshaft.

A surprise discovery was made at 2000 rpm. The new camshaft is predicted to lose
contact at this engine speed. It also loses contact at 5000 rpm and 5500 rpm. Two large
"humps" exist in the maximum contact force curve of Proto5 at 2500 rpm and 4500 rpm.
The standard camshaft profile never loses contact, although it has a very low contact
force at 4000 rpm of 12 N. Another interesting observation was that during the high
speed contact loss region of the Proto5 cam profile, the maximum cam contact forces
were less than that of the standard cam profile.
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8.5 Cam modification actual results

The previous section illustrates that the difference in valve train dynamics caused by
the change in camshaft profiles. In essence, the model illustrated some severe problems
in the high engine speed region with Proto5. Mechanically the closure of the valve at
6000 rpm was delayed by only a few cam degrees and this would not have caused a
drastic effect on engine power output.

The actual engine did perform well. With exhaust system optimisation, as well as
the optimisation of the timing between the inlet and exhaust cam lobe, an engine power
increase of approximately 20 % was achieved. This meant that together with the increase
of engine breathing through the cam profile modification, the engine’s volumetric effi-
ciency was also increased. The original objective of increasing engine performance was
thus reached.

However, dynamically, the Proto5 valve train system would have been problematic.
These problems would have had a drastic effect on the reliability of the engine and more
specifically the integrity of the valve train. The common modes of failure of the finger
follower valve train arrangement are dislodging of the floating finger follower and fail-
ure of the HLA. Both problems are caused by excessive valve train vibrations caused by
contact loss between valve train components. Unfortunately the Proto5 camshaft never
ran endurance tests and the prediction of reliability problems was never confirmed.



Chapter 9

Conclusion

The primary objective of this project was to model and verify through experiments,
the dynamics of valve trains. The objectives were achieved when good correlation was
reached between actual measurements and the dynamic model.

The measurements were done on an actual running engine with minimal influence
being caused by the measurement equipment. The moving mass of the accelerometer
was kept minimal and the integration of the specially developed FWT was seamless
with respect to the effect it had on the valve train components.

Measurements were sampled at maximum hardware frequency which ensured that
all important dynamics were indeed captured. Data processing was simple and straight-
forward and digital filters could be adjusted afterwards to measure their influence on
the processed data with respect to the raw data. Thus, it was ensured that no informa-
tion was lost with data capture or analysis.

Various mathematical models were investigated and broad insight into spring dy-
namics was acquired through these studies. A sophisticated model of the HLA was also
studied which resulted in a simplified and accurate model being implemented in the
dynamic model of this project.

Much effort was placed on the accurate modeling of all valve train components
which contributed to the accuracy of the modelled dynamics. A detailed, well thought
through FEM model of the spring was constructed and resulted in very realistic results.
The model development was systematically checked with actual measurements, calcu-
lations and comparisons between different models themselves, of which the successful
comparison between the detailed model and the equivalent model is an example.

The basic technique used in modeling the final spring model was the well known
modal analysis of discrete spring masses and additionally superimposing non-linear
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forces between the masses representing the non-linear behaviour of high speed valve
springs. The number of modes used exceeded the number of Craig-Bampton modes
specified for capturing all the dynamic effects of valve springs.

Through the verification process real engine mechanisms, such as oil aeration and
the effect that oil temperature could have on valve train dynamics, could be identified
and explained. The model includes sensitivity to damping and contact between valve
train components. The model also allows and identifies valve train dynamic failures
due to contact loss between the components.

By employing the dynamic model in a case study, it was discovered that the new de-
sign of a camshaft profile could have had dynamic failures at maximum engine speeds.
These problems were not identified without the dynamic model.

Some interesting discoveries that were made during this study included the confir-
mation that the HLA had a major influence on the valve train dynamics and could not
be ignored in this analysis. It became clear that the dynamics of the valve train devi-
ate considerably from its kinematic characterisations. Especially at high engine speeds,
spring force oscillations dominate the dynamics of valve train systems.

The primary contribution made by this project is the realisation of the importance of
including non-linear valve spring dynamics in valve train dynamic analysis. Together
with this an accurate dynamic model is now available for valve train dynamic analysis.
The model’s primary advantage is that different cam profile designs can be easily and
time efficiently compared with each other. This could lead to identification of problem
areas as well as identifying areas with room for valve train performance increases.

Now that the valve train model for a single cylinder has been completed, the remain-
ing engine could be modeled step wise. Examples of these could be to first include the
remaining cylinder’s valve train components of which the modeling of the camshaft’s
dynamics would be the main objective. Afterwards piston dynamics, crankshaft dynam-
ics and cam belt- or cam chain dynamics, could follow. By adding fluid dynamics of inlet
and exhaust manifolds, and thermodynamics of combustion, the complete engine could
be modeled eventually. The inclusion of mechanical friction into these models could
also be an study area on its own.

In conclusion, the objective of the project was reached and some interesting discov-
eries were made. Valve train dynamics measurement techniques and equipment were
developed and used successfully in a running engine. An accurate FEM model, con-
taining all spring dynamics, were constructed and a technique illustrated to simplify
the model without losing important dynamic characteristics. The project resulted in a
verified, adjustable model of valve train dynamics.
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Appendix A

DSP Theory with Fourier Analysis
and Digital Filters

This chapter introduces and discusses the DSP theory used in this project. Fourier series,
Fourier transforms and a digital filter were primarily applied in analysing measured
data.

A.1 Fourier analysis

Fourier Analysis is a mathematical tool that allows decomposition of time domain wave-
forms or signals, x(t), into the frequency domain represented by sinusoids. The Fourier
analysis is named after the French mathematician and physicist Jean Baptiste Joseph
Fourier (1768-1830). The Fourier series and Fourier integral belongs to the Fourier anal-
ysis family and will be discussed in the following sections.

A.1.1 Fourier series

Fourier was interested in heat propagation and presented a controversial paper con-
taining claims that any continuous periodic signal could be represented as the sum of
properly chosen sinusoidal waves. Fourier’s main opposition to this theory came form
another famous mathematician, Joseph Louis Lagrange (1736-1813). Lagrange insisted
that such an approach could not be used to represent signals with discontinuous slopes,
such as square waves. Lagrange was correct, but in fact, the sinusoidal representation
of any periodic signal becomes accurate enough in order for the difference to contain
zero energy. The phenomenon referred to as the Gibbs effect proves how accurate the
Fourier series representation can be.
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The Gibbs effect was explained by mathematical physicist Josiah Gibbs in 1899. Fig-
ure A.1 illustrates the effect of that using more and more modes have on a Fourier series
representing a periodic square wave in the time domain .
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(a) Fourier series with 3 modes.
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(b) Fourier series with 10 modes.
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(c) Fourier series with 50 modes.
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(d) Fourier series with 200 modes.

Figure A.1: Fourier series representing a square wave, illustrating the Gibbs effect.

With three or even ten modes, figure A.1(a) and A.1(b) respectively, the series does
not represent the square wave realistically. The Fourier series becomes more accurate by
adding more modes or frequencies of sinusoids. However, there is some overshooting
and ringing at the discontinuities. The amplitude of the overshoot does not decrease as
the modes or sinusoids approach infinity and remains roughly 9 percent. The width of
the overshoot decreases as more modes are added to the point where it technically has
zero width.

Gibbs showed that the summation converges to the signal in the sense that the error
between the two has zero energy. It should be noted that the objection by Lagrange
only applies to continuous signals and that for discrete signals the decomposition is
mathematically exact. It is thus accepted today that any continuous periodic signal can
be represented by a Fourier series.

While the signal must be periodic, it should also adhere to the Dirichlet conditions.
Shortly, this states :
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1. If the function x(t) that represents the signal contains discontinuities, their number
should be finite in any period,

2. the function x(t) must contain a finite number of maxima and minima during any
period, and

3. it must be possible to integrate the function x(t) over any interval.

The general form of the Fourier series for any given function x(t), adhering to the Dirich-
let conditions, is

x(t) = a0 +
∞

∑
n=1

(ancos(nωt) + bnsin(nωt)) (A.1)

where

f =
1
Tp

ω = 2π f =
2π

Tp
(A.2)

The coefficients a0, an and bn (with n = 1, 2, 3,...) are given by

a0 =
1
Tp

Tp∫
0

x(t)dt an =
2
Tp

Tp∫
0

x(t)cos(nωt)dt bn =
2
Tp

Tp∫
0

x(t)sin(nωt)dt

(A.3)

The Fourier series theory of continuous signals can also be applied to signals with N
discrete points. The integration of the coefficients a0, an and bn could be performed
with the 1

3 Simpson’s rule numerical integration method. The general equation for the 1
3

Simpson’s rule is given by:

a∫
b

x(t)dt ≈ h
3

(x(t0) + 4x(t1) + 2x(t2) + 4x(t3) + . . . + 2x(tN−2) + 4x(tN−1) + x(tN))

(A.4)
The N point discrete signal spans the interval [a, b ] and divides it into uniformly spaced
subintervals of size h. The size of h is given by

h =
b− a
N − 1

(A.5)

The 1
3 Simpson’s rule is a numerical method and therefore deviates from the analyti-

cal solution. The integration error is still small and limited in size to the fourth order
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derivative. The error is given by

| es |≤
(b− a)5

180 h4 O′′′′ (A.6)

By combining the numerical analysis method of the 1
3 Simpson’s rule with the Fourier

series theory, a MATLAB program was written and used in this project. The program’s
objective was to determine the spectral information of the cam lift motion by decompos-
ing the signal representing the cam curve into its sinusoidal waves. The cam lift motion,
and its spectral information, is the input function to the valve train dynamic system and
therefore valuable information.

A.1.2 Fourier transforms

The Fourier integral is used to investigate the time and frequency spectra of aperiodic
waveforms and is derived from the Fourier series. With the appropriate mathematical
manipulation the Fourier series reduces to

x(t) =
∞∫

−∞

X( f )ej2πf td f (A.7)

The Fourier coefficients have now become a function of continuous frequency variable
f and are given by

X( f ) =
∞∫

−∞

x(t)e−j2πf tdt (A.8)

These two integrals are referred to as the Fourier transform pair, the former is known
as the inverse Fourier transform and the latter as the direct Fourier transform. Fourier
transform theory is only applicable on signals with infinite period. A signal given by
the function x(t) and subjected to the Dirichlet conditions, can be transformed from a
function in time to a function of frequency, X( f ) using the direct Fourier transform.

The direct and inverse Fourier transforms are difficult to apply directly without
tools. One tool used in this project was the Discrete Fourier Transform, or DFT. The
task of applying a Fourier transform requires the evaluation of a closed-form integral.
To apply this to digital computers, a numerical integration must be used. There are three
distinct problems with computing a Fourier transform digitally.

Firstly, the desired result is a continuous function and a digital solution will only be
able to calculate the solution at discrete points. Secondly, the evaluation of the actual
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integral is a problem. This is calculated numerically by adding together areas of narrow
rectangles under the curve (i.e. the 1

3 Simpson’s rule). The last problem is that the
result can not be calculated with infinite samples. In DSP, signals and waveforms are
measured as finite and discrete signals. Thus, it should be remembered that when using
the DFT, only an approximation of the original Fourier transform results.

By using equation A.8 and applying Euler’s relation on it, namely ejx = cosx + j sinx,
and separating the real and imaginary parts, we have the analysis equations for the DFT.

Re X( f ) =
∞∫

−∞

x(t)cos(2πf t)dt (A.9)

Im X( f ) = −
∞∫

−∞

x(t)sin(2πf t) (A.10)

Expressing these equations in terms of discrete samples and using numerical integra-
tion, the DFT analysis equations used in a MATLAB program in this project were

Re X[i] =
N−1

∑
n=0

x[n]cos(2πin/N) (A.11)

Im X[i] = −
N−1

∑
n=0

x[n]sin(2πin/N) (A.12)

Index i runs from 0 to N − 1 and index k runs from 0 to N/2.
The discrete Fourier transform changes a N point time domain signal into two N/2 +

1 point output signal. (N could be any positive integer, but a power of two is usually
chosen, i.e., 128, 256, 512, etc.) The output signals, Re [ ] and Im [ ], contain the ampli-
tudes of the component cosine and sine waves respectively.

The horizontal axis of the frequency domain can be referred to in four different ways.
It can either be expressed as the sample numbers, a fraction of the sampling frequency
(between 0 and 0,5 ), multiplying the fraction of the sampling frequency by 2π and hav-
ing the index ω, or natural frequency (between 0 and π radians), or finally expressing it
in the analog frequencies used in the particular application. The last mentioned method
is used in this project for it presents the frequency data in real world meaning.

The sine and cosine wave notation is called the rectangular notation. The frequency
domain was converted into polar notation, consisting of the magnitude and the phase
parts, in this project. This was done to have a better visual understanding of the fre-
quency domain. Polar notation directly represents signals in terms of the amplitude
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and phase of the component cosine waves (Smith (1999)).
Re [ ] and Im [ ] are replaced by Mag [ ] and Phase [ ]. Both pairs contain the same

information and in equation form the two representations are related by

A cosx + B sinx = M cos(x + θ) (A.13)

A.1.3 Digital filters

Digital filters can be used to separate combined signals, such as in the case of making
sense of noisy measured signals or distinguishing between different harmonic frequen-
cies. The filter used in this project will now be discussed in this section.

Digital filters are carried out by standard convolution. Convolution is the mathemat-
ical method of combining two signals to form a third. Convolution is a mathematical
operation, such as addition and multiplication. It is the single most important technique
in DSP and provides the framework for it. Unfortunately, the explanation of convolution
goes beyond the scope of this project and is not discussed further.

Figure A.2 illustrates the concept behind the low-pass filter used. In figure A.2(b)
the frequency response of the ideal filter is illustrated. All frequencies below the cut-off
frequency, fc (in this case fc is 25 % of the sampling frequency, fs), are passed with unit
amplitude and all frequencies above it are blocked.

When taking the inverse Fourier transform of this ideal frequency response, the ideal
filter kernel is produced, illustrated in figure (A.2(a)). This curve is referred to as the sinc
function and has the general form of sin(x)/x. For discrete signals it is given by

h[i] =
sin(2π fci)

iπ
(A.14)

The sinc function continues to both positive and negative infinity without dropping to
zero amplitude. To solve this problem the sinc function is truncated to M + 1 points,
symmetrically chosen around the main lobe, with M being any even number. All sam-
ples outside this M + 1 points are set to zero or ignored. Secondly, the function is shifted
to the right by M/2 points so that the kernel runs from 0 to M. It is now represented as
positive indexes only (refer to figure A.2(c)).

M is chosen arbitrarily and this causes the truncated function to end abruptly and
become discontinuous at the point of truncation. To solve this, the signal is multi-
plied by a Blackman window (figure A.2(d)) to smooth the kernel. The result is the
windowed-sinc filter kernel, figure A.2(e). Figure A.2(f) shows the frequency response
of the windowed-sinc filter.



APPENDIX A. DSP THEORY WITH FOURIER ANALYSIS AND DIGITAL FILTERS 122

In designing the windowed-sinc filter for a specific application, two parameters
should be selected; the cutoff frequency, fc, and the length of the filter, M. The cutoff
frequency is expressed as a fraction of the sampling rate and therefore must be between
0 and 0,5. The value of M sets the frequency roll-off according to the approximation

M ≈ 4
BW

(A.15)

BW is the width of the transition band, measured from where the curve in figure A.2(f)
just leaves one to where it almost reaches zero. Thus, the filter length, M, directly deter-
mines how sharp the filter will cut off frequencies. Figure A.2(g) and A.2(h) illustrates
the effect the filter length has on the roll-off bandwidth. In essence, the more points used
in the filter kernel, the narrower the bandwidth becomes, which improves the filter per-
formance. High M values do have a computation time penalty and designing filters are
usually a trade-off between filter sharpness and computation time.

In this project the windowed-sinc filter was used in order to pass the useful frequen-
cies of acceleration measurements and cut the higher, noisy frequencies off.
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(a) The sinc function and ideal filter kernel.
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(b) Ideal filter kernel frequency response.
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(c) The sinc function truncated and shifted.
M=44.
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(d) Blackman window for smoothing
truncated sinc function.
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(e) The windowed-sinc filter.
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(f) Windowed-sinc filter frequency response.
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(g) Filter length halved, M = 22.
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(h) Filter length doubled, M = 88.

Figure A.2: Illustration of the low-pass filter concept.



Appendix B

Discrete Taylor Differentiation

One method of performing differentiation numerically is the forward-difference for-
mula. The formula being discussed here is the three point forward-difference formula.
The formula is derived by using a central-difference formula. The central-difference
formula is calculated from two Taylor series expansions of the functions around points
x(ti + h) and x(ti − h).

Recall from calculus that the Taylor series of a given function x(t) about a chosen
point t0 is defined as the infinite series

x |t0 = x(t0) +
ẋ(t0)

1!
(t− t0) +

ẍ(t0)
2!

(t− t0)2 + ...

=
∞

∑
0

xn(t0)
n!

(t− t0)n
(B.1)

By simplifying this expression, including the error of estimation, and defining h =
xi+1 − xi for evenly spaced discrete data, we have

x(ti) = x(ti) + ẋ(ti)(h) + ẍ(ti)
h
2

+ O′′′ h
3

3!
(B.2)

Similarly to equation B.2 for the Taylor series expansion of x(t), the Taylor series expan-
sion is derived for x(ti + h) and x(ti − h).

x(ti + h) = x(ti) + ẋ(ti)h + ẍ(ti)
h
2

+ O′′′ h
3

3!

x(ti − h) = x(ti)− ẋ(ti)h + ẍ(ti)
h
2
−O′′′ h

3

3!

(B.3)
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By subtracting the two Taylor series expansions of equation B.3 from each other and
writing x(ti + h) and x(ti − h) as xi+1 and xi−1 respectively, we have the first order,
discrete Taylor derivative, ẋ(t).

ẋi =
xi+1 − xi−1

2h
−O′′′ h

2

6
(B.4)

This formula is sometimes called the three point f ormula because of the use of three data
points. Proceeding in a similar fashion, the three point forward-difference formula for
ẍ(t) is found to be (without the error term)

ẍi =
xi − 2xi+1 + xi+2

h2 (B.5)

The velocity and acceleration of discrete, evenly-spaced displacement data, could be
calculated with equations B.4 (ignoring the error term) and B.5.



Appendix C

Wheatstone Bridge

When an element is connected between point b and d in the circuit shown in figure
C.1, the element is said to bridge the two branches. This particular circuit, called the
Wheatstone bridge, is very useful in measurement systems. It provides the most accurate
technique for measuring the value of electrical resistance (Boctor, 1997).

 
Figure C.1: Wheatstone bridge arrangement.

The situation corresponding to zero current flow in the bridge arm, Ig, is called the
bridge balance condition. Under this condition, current I1 flows in resistors R1 and R4,
while current I2 flows in resistors R2 and R3. Thus resistors R1 and R4 are in series, as is
resistors R2 and R3. These two series branches are in parallel with the voltage source Es.
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Using KVL, we have

Vdb = Vdc −Vbc

= I2R3 − I1R4

=
Es

R2 + R3
R3 −

Es

R1 + R4
R4

(C.1)

At bridge balance condition, Vdb = 0, thus we have

R3

R2 + R3
=

R4

R1 + R4
(C.2)

Inverting each side of this equation and simplifying yields the touching arm ratio.

R2

R3
=

R1

R4
(C.3)



Appendix D

Flow between Parallel Plates

Consider the two dimensional incompressible plane (∂/∂z = 0) viscous flow between
two parallel plates a distance hg apart, as shown in figure D.1. The assumption is that
the flow is essentially axial, u 6= 0 but v = w = 0.

 
Figure D.1: Flow between parallel plates caused by (a) a moving upper boundary wall, and (b)
a pressure gradient.

In the case of flow through the annular slot created by the gap between the plunger
and the housing, the flow could be divided into two cases. Firstly, the case where there
is no pressure gradient, but the upper plate is moving at velocity of Up, and secondly,
where there is no relative wall velocity between the plates, but the fluid flow is driven
by a pressure drop, dp/dx.
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Two of the basic differential equations for fluid motion are the continuity and mo-
mentum equation:

∂ρ

∂t
+ ∇ � (ρV) = 0 (D.1)

ρ
dV
dt

= ρg−∇p + ∇ � τij (D.2)

Flow with constant ρ and µmix is a basic simplification. The above two equations of
motion reduces to

∇ � V = 0 (D.3)

ρ
dV
dt

= ρg−∇p + µmix∇2V (D.4)

From the continuity equation, equation D.3, we have

∂u
∂x

+
∂v
∂y

+
∂w
∂z

=
∂u
∂x

+ 0 + 0 = 0 or u=u(y) only (D.5)

Thus, there is a single non-zero axial velocity component that varies only across the
width of the channel when the flow is said to be fully developed. Substituting u=u(y)
into the momentum equation (equation D.4) for two dimensional (x, y) flow we have:

ρ

(
u

∂u
∂x

+ v
∂v
∂y

)
= ρg−

(
∂p
∂x

+
∂p
∂y

)
+ µmix

(
∂2u
∂x2 +

∂2u
∂y2

)
(D.6)

Most of the terms drop out and the momentum equation is reduced to

d2u
dy2 = 0 or u = C1y + C2 (D.7)

The two constants, C1 and C2, are found by applying the no-slip condition at the upper
and lower plates.

At y = 0 u = 0 = C2

At y = hg u = Up = C1hg

C1 =
Up

hg
and C2 = 0 (D.8)

Therefore the solution for flow between plates with a moving upper wall and no pres-
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sure gradient, is

u = y
Up

hg
0 ≤ y ≤ hg (D.9)

This is Couette flow due to a moving wall; a linear velocity profile with no-slip at each
wall, as anticipated and sketched in figure D.1(a).

For the second case of flow between parallel plates, where there is no relative wall
velocity between the plates, the fluid flow is driven by a pressure drop, dp/dx (refer to
figure D.1(b)). Pressure varies in the x-direction, but velocity Up is zero. If v = w = 0,
the continuity equation leads to the same conclusion as in the first case, namely, that
u = u(y). The momentum equation (equation D.4) for two dimensional flow changes
only because the pressure is varying.

µmix
d2u
dy2 =

∂p
∂x

+
∂p
∂y

=
dp
dx

(
∂p
∂y

= 0
)

(D.10)

As in equation D.7, the solution is accomplished by double integration:

u =
1

µmix

(
dp
dx

)
y2

2
+ C1y + C2 (D.11)

Again, the two constants are found by applying the no-slip condition at the upper and
lower plates.

At y = 0 u = 0 = C2

At y = hg u = 0 = 1
µmix

(
dp
dx

)
h2

g
2 + C1hg

C1 =
Up

hg
and C2 = 0 (D.12)

Therefore the solution for flow between plates with a pressure gradient and no moving
upper wall, is

u =
1

2µmix

(
dp
dx

)
(y2 − yhg) (D.13)

This flow forms a Poiseuille parabola of constant negative curvature. The maximum
velocity occurs at the centerline y = hg/2.

To calculate the volume flow rate due to the fluid motion, Q̇moving, the solution for
the flow velocity (equation D.9) is integrated over the height of the annular slot and
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multiplied by the width, b:

Q̇moving =
∫ hg

0
u(y)b dy

=
Up

hg
b
∫ hg

0
y dy

= Uphg
b
2

(D.14)

The calculation of the annular slot width, b, needs consideration of the height at which
fluid flow momentum would be balanced. In the case of the Couette flow, (figure D.1(a)),
resultant momentums would be balanced at a height of 2

3 hg. (Analogous to the centre
point of gravity of a right angle triangle). Thus, the width of the annular slot is calculated
to be

b = 2πR = 2π(rp +
2
3

hg) (D.15)

where rp is the outside radius of the plunger in the case of the HLA. Substituting equa-
tion D.15 into the solution of equation D.14, the first part of equation 5.3.10’s volume
flow rate is found to be

Q̇moving = πUphg

(
rp +

2
3

hg

)
(D.16)

Similarly, to calculate the volume flow rate due to the pressure gradient, Q̇prsgrad, the
solution for the flow velocity (equation D.13) is integrated over the height of the annular
slot.

Q̇prsgrad =
∫ hg

0
u(y)b dy

=
1

2µmix

(
dp
dx

)
b
∫ hg

0
(y2 − yhg) dy

= −
h3

g

6µmix

(
dp
dx

)
b
2

(D.17)

The calculation of the annular slot width, b, again needs consideration of the height
at which fluid flow momentum would be balanced. In the case of the Poiseuille flow,
(figure D.1(b)), resultant momentums would be balanced at the centre of the gap. Thus,
the width of the annular slot is calculated to be

b = 2πR = 2π(rp +
hg

2
) (D.18)

Substituting equation D.18 into D.17 the second part of equation 5.3.10’s volume flow
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rate is found.
Q̇prsgrad = − π

6µmix
h3

g

(
dp
dx

)(
rp +

hg

2

)
(D.19)

By adding the volume flow rate contributions from equations D.16 and D.19 together,
the volume flow rate of oil passing through the annular slot caused by the gap between
the plunger and housing, Q̇pas (equation 5.3.10), is found.

Q̇pas =πUphg

(
rp +

2
3

hg

)
− π

6µmix
hg

3
(

dp
dx

)(
rp +

hg

2

)



Appendix E

Valve Train Components Details

Table E.1: Breakdown of valve train components.

I
Component m ρ Ixx Iyy Izz

[kg] [kg/mm 3] [kg/mm 2] [kg/mm 2] [kg/mm 2]

Inlet valve seat 1.349E-02 7.850E-06 2.644 2.644 5.197
Inlet valve 5.000E-02 7.461E-06 5.495 54.81 54.81
Valve guide 2.772E-02 7.850E-06 8.396 4.223 4.223
Spring retainer 6.000E-03 6.339E-06 0.154 0.154 0.276
HLA oil base 1.432E-02 7.137E-06 0.389 1.052 1.052
HLA oil reservoir 7.675E-03 7.137E-06 0.087 0.562 0.562
Camshaft assembly 3.697E-01 7.850E-06 30.94 271.8 273.6
Finger follower assembly 7.604E-02 7.970E-06 4.207 0.562 0.562
Spring 3.400E-02 7.375E-06 4.214 8.315 8.323
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Figure E.1: Exploded view of the complete valve train model assembly. (a) camshaft assembly,
(b) HLA oil reservoir, (c) HLA oil base, (d) finger follower assembly, (e) spring retainer, (f) inlet
valve, (g) inlet valve seat, (h) spring and (i) valve guide.
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Figure E.2: Assembled view of the complete valve train model assembly (with compressed
spring).



Appendix F

Constant Strain Triangle and Linear
Strain Triangle Plane Elements

FE theory makes extensive use of stress-strain relations. These are used to obtain a strain
field from a displacement field. Referring to figure F.1 we have

εx =
4u
4x

εy =
4v
4y

γxy =
4u
4y

+
4v
4x

(F.1)

for small strains and rotations.

 

Figure F.1: A rectangle of incremental size subjected to (a) x-direction strain, (b) y-direction
strain, and (c) shear strain.

In a plane problem the x-direction displacement, u, and the y-direction displacement,
v, are both functions of coordinates u = u(x, y) and u = u(x, y). This constitutes the use
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of partial derivatives. Doing so, and passing to the limit, we write

εx =
∂u
∂x

εy =
∂v
∂y

γxy =
∂u
∂y

+
∂v
∂x

(F.2)

Referring to figure F.2, the x- and y-direction components of the displacement of an
arbitrary point within the CST are restricted to be a linear polynomial in x and y.

u = β1 + β2x + β3y (F.3a)

y = β4 + β5x + β6y (F.3b)

Figure F.2: Constant strain triangle (CST).

where the βi are called the generalised coordinates. The general coordinates can be
described as displacement amplitudes. For example, in equation F.3a, β1 is the rigid-
body displacement, and β2 and β3 are amplitudes of linearly varying displacements, all
in the x-direction.

Expressing βi in terms of nodal displacements u1, v1, u2, v2, u3 and v3, the following
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substitutions are made in equation F.3, again referring to figure F.2.

u = u1 and v = v1 at x = 0 and y = 0
u = u3 and v = v2 at x = a and y = 0
u = u3 and v = v3 at x = 0 and y = b

(F.4)

By solving the resulting six equations for u1, v1, u2, v2, u3 and v3, the alternative form for
equation F.3 is found to be

u = (1− x
a
− y

b
)u1 +

x
a

u2 +
y
b

u3 (F.5a)

v = (1− x
a
− y

b
)u1 +

x
a

v2 +
y
b

v3 (F.5b)

In either equation F.3 or F.5, the displacement field u = u(x, y) and u = u(x, y) has six
d.o.f.. The six βi in equation F.3 and the three ui and the three vi in F.5. Substituting
equation F.3 into F.2 the strain-displacement relations for the CST is found to be

εx = ∂u
∂x hence εx = β2

εy = ∂v
∂y hence εy = β6

γxy = ∂u
∂y + ∂v

∂x hence γxy = β3 + β5

(F.6)

As shown in equation F.4, none of the strains vary over the element and therefore the
name of constant strain triangle. The physical consequence is that the element is too stiff
in bending because an applied bending moment is resisted by spurious shear stress as
well as by the expected flexural stresses. The element can thus not represent the linear
strain field of pure bending.

The LST is shown in figure F.3. It consists of mid-side nodes in addition to vertex
nodes. The d.o.f. are ui and vi at each node for a total of 12 d.o.f.

In terms of the generalised coordinates βi its displacement field is

u = β1 + β2x + β3y + β5x 2 + β5xy + β6y 2 (F.7a)

v = β7 + β8x + β9y + β10x 2 + β11xy + β12y 2 (F.7b)
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Figure F.3: Linear strain triangle (LST).

and from equation F.2, the resulting strain field is

εx = β2 + 2β4x + β5y

εy = β9 + β11x + 2β12y

γxy = (β3 + β8) + (β5 + 2β10)x + (2β6 + β11)y

(F.8)

The strain field can vary linearly with x and y within the element, hence the name linear
strain triangle. The LST can be used to obtain exact solutions for deflection and stress of
pure bending problem.



Appendix G

FE Spring Model Properties

Table G.1: Detail spring model discretisation.

Linearisation Section Section
Section Force stiffness mass

[N] [N/mm] [10−3 kg]

1 96 2733.65 2.94
2 176 481.44 1.22
3 288 383.97 1.25
4 512 478.27 1.33
5 576 528.08 1.33
6 656 606.05 1.36
7 672 617.74 1.40
8 704 643.23 1.41
9 672 613.53 1.41

10 640 584.50 1.41
11 672 608.48 1.41
12 704 643.28 1.41
13 720 654.75 1.41
14 640 589.40 1.41
15 624 570.62 1.41
16 704 639.72 1.41
17 768 690.72 1.41
18 768 673.72 1.41
19 752 678.76 1.41
20 480 603.78 1.41
21 288 680.83 1.41
22 256 3789.34 3.42
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Table G.2: Equivalent model beam element properties.

Element Sectional Element
Section length area density

[mm] [10−3mm2] [10−3 kg/mm3]

1 2.36 29.34 42.44
2 1.32 2.88 322.34
3 1.71 2.98 245.97
4 2.01 4.36 151.50
5 2.03 4.86 134.61
6 2.03 5.58 120.74
7 2.02 5.69 121.75
8 2.03 5.92 117.87
9 2.03 5.65 123.58
10 2.03 5.38 129.70
11 2.02 5.60 124.61
12 2.03 5.92 117.86
13 2.03 6.03 115.78
14 2.03 5.43 128.63
15 2.02 5.25 132.88
16 2.03 5.89 118.52
17 2.03 6.36 109.76
18 2.03 6.20 112.53
19 2.00 6.16 114.87
20 1.68 4.62 182.11
21 1.29 3.99 274.12
22 2.29 39.45 37.90
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