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A New Heat Transfer Correlation
for Turbulent Flow of Air

With Variable Properties

in Noncircular Ducts

Turbulent flow and heat transfer of air with variable properties in a set of regular polygo-
nal ducts and circular tube have been numerically simulated. All the ducts have the same
hydraulic diameter as their characteristic lengths in the Reynolds number. The flow is
modeled as three-dimensional (3D) and fully elliptic by using the finite volume method
and the standard k-¢ turbulence model. The results showed that the relatively strong sec-
ondary flow could be observed with variable properties fluid. For the regular polygonal
ducts, the local heat transfer coefficient along circumferential direction is not uniform,
there is an appreciable reduction in the corner region and the smaller the angle of the
corner region, the more appreciable deterioration the corner region causes. The use of
hydraulic diameter for regular polygonal ducts leads to unacceptably large errors in
turbulent heat transfer determined from the circular tube correlations. Based on the
simulation results, a correction factor is proposed to predict turbulent heat transfer in
regular polygonal ducts. [DOI: 10.1115/1.4027855]

Keywords: variable properties, regular polygonal ducts, numerical simulation, second-

ary flow, correction factor

1 Introduction

Ducts with noncircular cross section are widely used in the heat
exchangers and other devices. Prediction of the flow and heat
transfer performances for noncircular ducts plays a key role on the
design and manufacture of the engineering equipments. Develop-
ing and developed laminar flow and heat transfer in noncircular
ducts have been extensively studied, and the results are well
documented [1,2].

Turbulent forced-convection heat transfer in a noncircular duct
is often encountered because of technical demands or design
requirements. It has been a common practice to utilize the hydrau-
lic diameter Dy, as a characteristic length to obtain pressure drop
and heat transfer coefficient in the noncircular ducts using correla-
tions for circular tube. In other words, the hydraulic diameter Dy,
is recommended to be used in place of D in the Reynolds number,
which is then applied to calculate f and Nu from the correlations
for circular tube. The hydraulic diameter of noncircular duct pro-
vides a basis to approximate the friction factor and heat transfer
coefficient for noncircular duct [3].

Nevertheless, it should be noted that for laminar fully devel-
oped heat transfer the Nusselt numbers difference between equi-
lateral triangular duct and circular tube are 1.25 and 1.19 for
uniform wall heat flux and uniform wall temperature, respectively,
which are almost half of the Nusselt numbers for equilateral trian-
gular duct (3.11 and 2.47) [2]. In addition, the use of hydraulic di-
ameter for noncircular ducts such as triangular ducts leads to
unacceptably large errors, in the order of 30%, in turbulent flow
friction factors determined from the circular tube correlations
[4-8]. A number of methods or characteristic lengths have been
proposed to predict the pressure drop of turbulent flow in noncir-
cular ducts [9-11].

Because of the analogy between the flow and heat transfer per-
formances, it is questionable that whether the use of Dy, in place
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of D to approximate heat transfer in noncircular duct is suitable or
not.

To this problem, Lienhard [3] has pointed out that the results
attained by substituting Dy, for D in turbulent circular tube correla-
tion are generally accurate to within £20%, and worse results are
obtained for duct cross-sections having sharp corners, such as an
acute triangle. Although specialized equations for ‘“effective”
hydraulic diameters have been developed, it is only suitable for
several kinds of specific geometries with the accuracies improved
to 5-10% [12]. Using the square root of cross-sectional area as the
dimensionless parameter, Duan [10] presented a new correlative
model for fully developed turbulent flow and heat transfer in non-
circular ducts. In the prediction of the friction factor, the new cor-
relation model was in good agreement with the available
experimental data. But the correlation for heat transfer was
derived from hydrodynamic experiments instead of heat transfer
experiments due to a shortage of enough reliable turbulent heat
transfer experimental data in noncircular duct. To discern the
problem and ameliorate the current correlative formula for noncir-
cular ducts, more data and investigations are needed.

While a large number of investigations have been conducted on
turbulent heat transfer performance in circular tube [13-17],
experiments on the flow and heat transfer performances in noncir-
cular ducts are limited because of the difficulty in the precise fab-
rication of noncircular ducts. In addition, it is difficult to deal with
the unevenly distributed local wall temperature, as well as to mea-
sure the fluid bulk temperature and to diminish the measurement
uncertainties. Meanwhile, a survey of the available literatures
indicates that the experimental data on the pressure drop in the
noncircular ducts, by contrast, are a bit more sufficient than that
on the heat transfer for its relative easiness to measure and con-
trol. Jones [18] measured the frictional pressure drop in rectangu-
lar ducts, and proposed a laminar equivalent Reynolds number,
which can make the circular tube methods readily applied to rec-
tangular ducts. Hirota et al. [19] presented an experimental work
on the turbulent heat transfer in a square duct. Eckert and Irvine
[5] studied the pressure drop and heat transfer performance in a
duct with an isosceles-triangular cross section. The experimental
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results revealed that the heat transfer coefficients averaged over
the circumference of the duct were half as large as values calcu-
lated from circular tube relations in the Reynolds number range
from 4300 to 24,000. Malak et al. [20] studied the influence of
several special channel geometries on pressure losses and heat
transfer in noncircular channels with hydraulically smooth walls.
Aly et al. [21] investigated the fully developed air-flows in an
equilateral triangular duct over a Reynolds number range of
53,000-107,000.

With the development and improvement of the numerical simu-
lation method, more and more investigations on the turbulent flow
and heat transfer in noncircular ducts have been carried out by nu-
merical simulations in conjunction with experiments. Emery et al.
[22] simulated the developing turbulent flow and heat transfer
characteristics in a square duct, and the simulation results were
shown to be in good agreement with the measured data and the
predictions using the k-¢ closure model. Aolin et al.[23] applied
the k-¢ turbulence model in conjunction with the wall functions
method to predict the developing flow and heat transfer
performances in a triangular duct. Good agreement was found
between the numerical simulation results and the measured data.
Domaschke et al. [24] measured heat transfer and pressure drop in
the channel of the internal cooling system of a gas turbine blade.
In addition, they also carried out numerical simulations to analyze
the flow and temperature fields in the channel. Nakayama et al.
[25] analyzed the fully developed flow in ducts with rectangular
and trapezoidal cross-sections by using a finite-difference method
with the model of Launder and Ying [26]. Wang et al. [27] inves-
tigated the developing turbulent flow and heat transfer in a square
duct based on the standard k-¢ turbulence model, and good agree-
ment between experimental and numerical results was obtained.
Nguyen and Kazuhide [28] performed a numerical simulation
with the k-¢ turbulence model to investigate the behavior of air-
flow in the ventilation duct, and good agreement was found
between the numerical results and the particle image velocimetry
(PIV) measurement data. Yang and Ebadian [29] presented the nu-
merical prediction of thermally developing flow in a square duct
for turbulent flow with isothermal walls, and the computed results
were shown to be in good agreement with the measured data.

In conclusion, experiments on turbulent flow characteristics in
smooth and straight noncircular ducts have been conducted by some
researchers in the early years. Most correction factors for the predic-
tion of turbulent flow and heat transfer performances in noncircular
ducts are appropriate for duct of a single or special geometry, and a
general correction factor that can be applied to all cross-sectional
shape is lacking. The discrepancies between results obtained from
different researchers for the same geometry often exist and some-
times can be significant. Therefore, comparison of heat transfer
results for different geometries obtained by different researchers
becomes very challenge and obtaining a general correction factor
through this approach is difficult. On the contrary, computational
fluid dynamics (CFD) is a very effective method to ensure the differ-
ences between different geometries are caused by the geometries
only and effects of any other uncertainties can be excluded.

The objective of the present work is to investigate the turbulent
flow and heat transfer performances in a set of noncircular ducts.
Heat transfer during turbulent air flow in the equilateral triangular,
square, regular hexagonal, regular octagonal, regular dodecagonal
ducts, and circular tube will be numerically simulated. All the
ducts have the same hydraulic diameter D), as their characteristic
lengths in the Reynolds number. The flow and heat transfer
performances for the above ducts will be compared.

2 Physical Model and Numerical Solution

2.1 Problem Description. Figure 1 shows the schematic dia-
gram of the computational model, which is a simplified model of
the experimental apparatus presented in Ref. [17]. As seen in
Fig. 1, air flows through the calming section 1 before entering the
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heated duct zone. The dimensionless ratio L/Dy, of calming section
1 is 61, which ensures that the fully developed flow is achieved at
the entrance of the heated zone. Heat is transferred from the duct
walls with uniform heat flux to the air inside it. The L/Dy, of the
heated zone is 60, and it is larger than the dimensionless thermal
entry length. In the experiment conducted by Babas’ Haq [17], the
calming section 2 was employed to eliminate the deviations caused
by the “end effects” which is the result of the sudden change at the
outlet. Here it is appended to improve the accuracy of simulation
by making the outlet farther from the heated duct zone [30].

2.2 Governing Equations. In this work, air with variable
properties is used as the working fluid to study the flow and heat
transfer performances for the ducts shown in Fig. 1. The proper-
ties that are variable contain density p, heat capacity ¢, thermal
conductivity 4, and dynamic viscosity p.

Selection of appropriate turbulence model is very important to
correctly and effectively study the flow and heat transfer charac-
teristics in the ducts. Albets-Chico et al. [31] applied several
turbulence models to the duct flow, including the k-& model
combined with wall-function treatment [32], as well as the Ince—
Launder low Reynolds number k-¢ model [33] and the Wilcox k-o
turbulence model [34]. After comparing the numerical results
with the direct numerical simulation (DNS) data [35] and experi-
mental results, the k-¢ model in conjunction with wall function
methods were proved to be a good choice to conduct the investi-
gation in this work due to its low central processing unit (CPU)
consumption and appreciate accuracy. Moreover, the works by
Aolin et al. [23] and Wang et al. [27] are also in favor of the appli-
cation of the standard k-& model [36].

The time-averaged governing equations of the fluid flow will be
given based on the following assumptions: the fluid is Newtonian,
the properties are variable but only in accordance with the temper-
ature, nonparticipant radiant medium, and the body forces are
negligible. Additionally, it is assumed that the time averaged val-
ues are constant in time, so the turbulence is deemed to be steady.
The governing equations in tensorial form are shown as follows:
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Table 1 Average Nusselt number for different mesh sizes at
cross section

Table 2 Average Nusselt number for different mesh sizes in
the direction of the flow

Mesh size 343 x 435 505 x 435 1122 x435 1651 x435 2581 x435  Mesh size 1122 x 218 1122 x 310 1122 x 435 1122 x 870
Nu 116.57 112.36 110.55 110.43 110.68 Nu 113.86 111.57 110.55 110.32
where
— 2 ou;  Ou; 2 oy N
—pult, = — = pko; ; 4+ u - + )= i 7 7 ATV A R
— u, dT 7
—pul T = H 0% @®)
or 0x; A REO0?
87 \\‘\\\‘:‘:“‘(\ig;i;i?uuvﬂn
— Ou; \\ NEEE
Gy = —pui,— 9
k pu;u; ax; ©)

The values of the coefficients shown above were adopted from
Refs. 36-38,i.e.,C, =0.09; C; =1.44; C, =192; 6, =1.0;
o, =1.3; o7 =0.85.

2.3 Boundary Conditions. The outlet boundary condition of
the computational domain is treated by local one-way method
[30]. At the walls, the velocity is set to be zero and the heat flux ¢
is given as a constant. The boundary condition for k imposed at
the wall is (0k/0n),,= 0. At the wall-adjacent cells the ¢ equation
is not solved and ¢ is computed by employing the equation,
& = <Cz/4kg/2)/(;cyp). Uniform velocity and kinetic energy of
turbulence are assumed at the duct inlet. For the energy equation
the wall functions are used to determine the wall temperature
from the calculated near wall temperature fields, as the heat flux is
prescribed at the wall. The difference between the wall tempera-

ture and the local bulk temperature is then used to calculate the
local heat transfer coefficient.

2.4 Numerical Approach. The numerical simulations are
performed by solving fully elliptic 3D Navier—Stokes equations.
The numerical investigation is conducted using commercial solver
FLUENT which employs the finite volume method [39] to discretize
the governing equations. In this procedure the computational do-
main is discretized by a series of control volumes, and the govern-
ing equations are then integrated over a control volume. The
QUICK-type scheme is adopted to discretize the convection
terms. The pressure—velocity coupling is handled by the SimpPLE
algorithm [30]. The computational time for one case is approxi-
mate 2 h using a computer with Intel Core i5 (3.20 GHz). Exten-
sive comparisons between the simulation results and the available
experimental data will be presented to show the credibility and
reliability of the numerical approach.

2.5 Data Reduction. The local bulk temperature is calculated
by

Acx
J puc,TdA,. ,
Ty, = o0

Ay
J pucpdAc .
0

10)

where A, is the area of the cross section at the axial position of x.
The local wall temperature is obtained from

Ay x
Tw,x = I Tw,x,idAw,x (11)

where A,, . is the surface area of the wall with axial position x,
and T, is the wall temperature that can be different at different
circumferential locations.

Journal of Heat Transfer

Fig.2 Sample of computational mesh (not in scale)

The local heat transfer coefficient is calculated by

hy = fI/ (Tw,x - Tb.x) (12)
where ¢ is the wall heat flux, which is assumed to be constant in
this work.

The duct average Nusselt number and Reynolds number are

Nu = gDy /[T,y — T,)], Re = puby/it = pyiaDy/pt (13)

The characteristic length, average bulk temperature, friction
factor, and average wall temperature of the duct are defined by

Dh = 4Ac/p, Tb = (Tb_in + Tb‘out)/2
1M Ap Dy,
Ty =—| T,.dA, Ey . 14
o= 3 ) Teaan p =220 (14)

where A, is the cross-sectional area, p is the wetted perimeter of
the duct, and A is the surface area of the heated zone of the duct.

In this investigation, T}, is taken as the reference temperature to
evaluate the properties of the fluid.

2.6 Grid Independence. The grid independence of the nu-
merical result is studied for all the six ducts. Take the regular hex-
agonal duct for example, under the premise of ensuring the value
of y™ for the first inner node accord with the requirement of the
wall functions, i.e., y+> 15, Tables 1 and 2 list the variations of
the Nusselt number along with the mesh size at the Reynolds
number of 53,477. The mesh size is given in the form of A X B,
where A stands for the number of nodes at any cross section, B
stands for the number of nodes in the direction of the flow. It can
be seen that the mesh size 1122 x 435 is sufficient to obtain grid
independent solution for the case. Figure 2 shows the grid system
for the regular hexagonal duct.

3 Results and Discussion

3.1 Circular Tube. The average Nusselt number and local
heat transfer coefficients for turbulent air flow in a circular tube
are shown in Figs. 3 and 4, respectively.

It can be seen that the maximum deviations between the current
numerical results and the Nusselt number predicted by the correla-
tions of Dittus—Boelter [13], McAdams [14], and Gnielinski [16]
are 9.7%, 7.1%, and 3.9%, respectively. The agreement between
the numerical results and those of previous investigations is gener-
ally satisfactory. The average Nusselt number predicted by the
Dittus—Boelter [13] correlation is higher than that obtained by the
current simulation. This agrees with the experimental correlations
of McAdams [14] and Babas’ Haq [17], and the formulations of
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Fig. 4 Variation of the local heat transfer coefficient versus the
dimensionless ratio L/D,

Gnielinski [16]. In addition, the friction factors for the circular
tube under the nine cases were compared with the prediction by
Blasius equation [40] and Filonenko formula [41], and the differ-
ences are less than 6.4%.

Figure 4 shows the variation of the local heat transfer coeffi-
cient &, along the axial direction of the circular tube (the heated
zone in Fig. 1) at the Reynolds number of 53,477. The local heat
transfer coefficient decreases gradually until a limit is reached at
the thermal entry length. In the case shown in Fig. 4 the thermal
entry length, which is defined as the length of the tube required to
achieve a local value of £, equal to 1.05 times the asymptotic val-
ues of the corresponding /., for a certain thermal boundary condi-
tion specified at the surface [42], is approximately L/Dy, = 11.5; it
is almost the same position as that attained by Babas’ Haq [17]
who conducted the experiment with the circular tube shown in
Fig. 1. In addition, the numerical simulation results indicate the
same conclusion as Babas’ Haq’s experiment, that is, the thermal
entry length is not strongly sensitively to the magnitude of

——— variable properties
— - — - - constant properties

calming section 1 calming

section 2

heated zone
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&
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Fig. 5 Variation of the dimensionless axial velocity along the
circular tube

3.2 Regular Polygonal Ducts. Turbulent air flow in the equi-
lateral triangular, square, regular hexagonal, regular octagonal
and regular dodecagonal ducts are simulated. All the regular po-
lygonal ducts have the same structure shown in Fig. 1 and the
same hydraulic diameter Dy, In order to simplify the presentation,
symbols that are adopted for the six ducts are summarized in Ta-
ble 3. The “axial velocity” in the text refers in particular to the
axial velocity on the axis of the ducts. For a concise presentation,
the flow and heat-transfer characteristics for the regular polygonal
ducts and a circular tube with diameter equal to Dy, will also be
provided.

3.2.1 Flow Characteristics. Figure 5 shows the variation of
the dimensionless axial velocity along the axial direction of the
circular tube (including calming section 1, heated zone and calm-
ing section 2). Comparing the variation of the axial velocity for
variable properties fluid with that for constant properties fluid, the
following features may be noted. First, in the calming section 1,
the two cases have almost the same trend because the calming sec-
tion 1 does not exchange heat with the air inside it, and hence
there is no change in the properties. There is a maximum value,
which is called the “crest value” for the axial velocity. The crest
value is the result of the boundary layer, secondary flow, and sto-
chastic motion caused by the turbulence. Second, in the heated
zone, the axial velocity is constant for the constant properties
fluid, but increases gradually for the variable properties fluid since
the air density decreases with increasing temperature. In the
calming section 2, both the axial velocities of the two fluids are
constants because there is no heat transferred from the duct wall
to the fluid and no change in the properties.

Figure 6 shows the patterns of the secondary flow at different
axial positions in the regular hexagonal duct for the variable
properties fluid under a Reynolds number of 53,477. Additionally,
the patterns of the secondary flow for the constant properties fluid
are shown in Fig. 7. It can be seen that when compare with the
mean axial velocity, the secondary flow are very weak for all cross
sections. However, at the hydrodynamic entrance zone, both

Reynolds number. working fluids have relatively strong secondary flows
Table 3 Regular polygonal ducts

Geometry Circle Equilateral triangle Square Regular hexagon Regular octagon Regular dodecagon

Symbol A-1 A-3 A-4 A-6 A-8 A-12

Shape
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Fig. 8 Distributions of the circumferential local heat transfer
coefficient hy in the heated zone of the square duct

(see Figs. 6(a) and 7(a)). This is caused by the wall damping
effect, which slows down the velocity field of the fluid near the
wall and compels the fluid to move from the outside to the inner
core of the cross section. After a certain distance, the secondary
flow turns to be too weak to be observed. From Figs. 6(h) and
7(b), it can be observed that in the heated zone, the secondary
flow for the variable properties fluid is stronger than that for the
constant properties fluid and the magnitude of the secondary flow
is relatively strong near the wall. This is basically because the
temperature of the fluid increases as heat is transferred from the
duct to the fluid, and for the variable properties fluid, higher tem-
perature leads to lower density p and higher viscosity u. Although
the velocity of the near-wall fluid should increase to conserve the
mass flux in principle, some fluid moves from the near-wall region
to the inner core of the duct because of the presence of the wall,
and hence stronger secondary flow can be observed for variable

Journal of Heat Transfer
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properties fluid. In fact, for the constant properties fluid there is
nearly no change in the patterns of the secondary flow in the
heated zone, for the independence between the properties and the
temperature. The patterns of the secondary flow for the constant
properties fluid in the square duct is almost the same with that
reported by Wang et al. [27]. The above can also give the explana-
tion to the increase of the axial velocity in the heated zone (see
Fig. 5).

3.2.2 Local Heat-Transfer Characteristics. Figure 8 shows
the distributions of the circumferential local heat transfer coeffi-
cient along the axial direction in the heated zone of the square
duct. It can be seen that compared with the other parts of the wall,
the heat transfer coefficient is relatively low in the duct corner.
This is mainly caused by the blocking effect of the corner walls
which appreciably slows down the fluid velocity in the corner
regions, thereby deteriorates the local heat transfer. The distribu-
tion characteristic is similar to the measurement results from
Wang et al. [27] and the prediction by Fleming and Sparrow [43]
and Aolin et al. [23]. Comparing the distributions of the circum-
ferential local heat transfer coefficient at L/Dy, =2 with L/D,, =7,
the heat transfer coefficient decreases appreciably in the thermal
entrance region. When we make a comparison between the distri-
butions at L/Dy, =41 and L/D, =355, it is easy to find that along
the axial position of the duct, the local heat transfer coefficient 4,
reduces to a constant. The shapes of the circumferential local heat
transfer coefficient distribution curves illustrate that along the
axial position, the part of the wall that is influenced by the cor-
ner’s blocking effect enlarges gradually.

Figure 9 illustrates the distributions of the circumferential local
heat transfer coefficient of the ducts A-3, A-4, and A-6 for fully
developed turbulent heat transfer. It presents that the corner region
deteriorates the local heat transfer appreciably. And the extent of
the influence on the heat transfer characteristic is related to the
angle of the corner region, that is, the smaller the angle of the cor-
ner region, the more appreciable deterioration the corner region
causes. Besides this, it can be seen that the maldistribution charac-
teristic of the circumferential local heat transfer coefficient
becomes more apparent as the angle of the corner region gets
smaller.

3.3 Comparison of Heat Transfer Performances for all the
Ducts. The values of the average Nusselt number for all the above
ducts are summarized in Table 4. The numerical simulation covers
arange of Reynolds number from 28,000 to 77,000.

For the regular polygonal ducts, a survey of available literature
indicates that a large number of experimental investigations have
been conducted on the noncircular ducts which are appended with
ribs, fins, vortex generators, or roughed walls.

OCTOBER 2014, Vol. 136 / 101701-5

Downloaded From: https://heattransfer.asmedigitalcollection.asme.org on 06/29/2019 Terms of Use: http://www.asme.org/about-asme/terms-of-use



o
w©
=

o
©

A3

A4

As

A8

A2

— — - datum line

o
=}
@
I
Yyerma«

fitting curve

DIMENSIONLESS RATIO Nu(A-n)/Nu(A-1)
o
2
1

L 1 1 1 1 1
2 4 6 8 10 12

NUMBER OF SIDES n

Fig. 10 The proportion of the average Nusselt number for
regular polygonal duct on that for circular tube Nu(s_./Nua_1)
versus the number of sides of the ducts

Table 4 Values of the average Nusselt number for all the above
ducts obtained by the current numerical simulation

Nu
Re A-1 A-3 A-4 A-6 A-8 A-12
28,119 70.99 58.58 64.82 68.52 70.01 70.51
33,576 81.35 65.86 74.18 78.05 79.53 81.07
38,985 91.14 72.85 82.10 86.95 88.86 90.41
46,085 103.22 81.78 93.00 99.29 101.6 102.19
53,477 114.99 90.66 104.18 110.55 112.45 113.90
62,507 128.37 100.91 117.16 123.36 125.55 126.96
67,895 135.84 106.23 124.28 129.86 132.31 134.48
71,468 140.52 110.33 128.76 134.06 137.01 139.26
76,828 147.19 115.66 135.16 140.56 143.66 145.27

However, the experiments on the turbulent flow and heat trans-
fer in the smooth and straight long ducts are scant. It should also
be noted that the experimental data on the turbulent heat transfer
characteristics in noncircular ducts are much fewer than that on
the turbulent flow characteristics. Non-negligible differences and
sometimes even contradictions exist when compared with the
measurement results of different authors on the channels of the
same geometry. Nevertheless, it is encouraging that high consis-
tence can be found among the experimental data of turbulent flow
characteristics (include friction factor f) provided by different
researchers.

The numerical results of the friction factor in equilateral trian-
gular duct were compared with the measured data provided by
Aly et al. [21], Schiller [44], and Nikuradse [45], and the maxi-
mum deviation is less than 4.3%. The differences between the nu-
merical results for square duct with the experimental data from
Schiller [44] are within 2.3%. Additionally, the comparisons of
the friction factors for the other three regular polygonal ducts
were also made between the numerical results and the predictions
by Duan [10] and good agreements are found.

On the basis of the good agreement between the simulation
results and the available experimental data, and the analogy
between the flow and heat transfer performances, it can be con-
cluded that the numerical approach applied to this investigation
can make good performance on the prediction of the heat transfer
characteristics in the ducts.

Figure 10 and Table 4 show that the difference between the aver-
age Nusselt numbers for the regular polygonal ducts and circular
tube increases with the decreasing number of sides of the regular
polygon. That is to say, the use of hydraulic diameter for noncircular
ducts such as equilateral triangular duct will result in unacceptably
large errors, on the order of 27.5%, in turbulent heat transfer Nusselt
number determined from the circular tube correlations.
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Table 5 Circularity C, of all the above ducts

Duct A-1 A-3 A-4 A-6 A-8 A-12

Cy 1 0.778 0.886 0.952 0.974 0.988
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Fig. 11 Comparison between the numerical results and the
new correlation Eq. (16)

In order to correct the large errors indicated above but also
maintain the simple form of the existing correlations, a correction
factor C named circularity is proposed. It is defined to measure
the degree of the closeness between the 2D graph and the circle

Cy=md/p (15)
where p is the perimeter of the 2D graph, d is the diameter of the
circle that has the same area as the 2D graph.

Based on Eq. (15), the circularity C, of all the above ducts are
summarized in Table 5.

Then, a new correlation in conjunction with Cy is proposed as
follows:

Nu = Cd) - Nugirele (16)
where Nug. is in place of the existing correlations, e.g., the cor-
relations of Gnielinski [16] and Dittus—Boelter [13], the experi-
mental correlations of McAdams [14], etc.

The current simulation results shown in Table 4 are illustrated
in Fig. 11 in the form of scatter points, and the lines are obtained
from Eq. (16) (the simulation results for circular tube take the
place of Nuge in Eq. (16)). It can be seen that there is a quite
satisfactory agreement between them. In fact, for the equilateral
triangular duct, the largest deviation between the results of numer-
ical simulation and the new correlation Eq. (16) is 5.7%, and
3.5%, 1.4%, 1.3%, and 0.8% for the square, regular hexagonal,
regular octagonal, and regular dodecagonal ducts, respectively.

4 Conclusions

A numerical study of turbulent forced-convection heat transfer
in a set of noncircular ducts is presented in this paper. Air with
variable properties is used as the working fluid in the numerical
simulation, and the cross sections of the ducts are equilateral trian-
gular, square, regular hexagonal, regular octagonal, regular
dodecagonal and circular. All the ducts have the same hydraulic
diameter as characteristic length in the Reynolds number. In the
numerical study, the flow is modeled as 3D and fully elliptic by
using finite volume method with uniform wall heat flux. The
widely used k-¢ turbulence model in conjunction with the wall
functions method is adopted. The flow and heat transfer

Transactions of the ASME

Downloaded From: https://heattransfer.asmedigitalcollection.asme.org on 06/29/2019 Terms of Use: http://www.asme.org/about-asme/terms-of-use



performances for the above ducts are compared and the following
conclusions can be drawn:

(1) For circular tube, the numerical results agree well with the
previous experimental correlations.

(2) Stronger secondary flow can be observed for variable prop-
erties fluid than that for constant properties fluid.

(3) For the regular polygonal ducts, the heat transfer coefficient
in the duct corner region is appreciably lower than that in
the other part of the wall, and the smaller the angle of the
corner region, the more appreciable deterioration the corner
region causes.

(4) The use of hydraulic diameter for regular polygonal ducts
such as equilateral triangular duct leads to unacceptably
large errors, in the order of 27.5%, in turbulent flow heat
transfer determined from the circular tube correlations.

(5) A circularity Cy is proposed to correct the existing correla-
tions, and it is to be noted that the deviations between the
numerical simulation results and the new heat transfer
correlation are within 6%.

However, it should be pointed out that the new correlation is
only appropriate for the regular polygonal ducts, and more investi-
gations are needed to modify the current correlations to apply to
more noncircular ducts.
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Nomenclature

A = area (mz)
¢p = heat capacity (J/(kg-K))
C4 = correction factor circularity
D = diameter of the circular tube (m)
Dy, = hydraulic diameter of the noncircular duct (m)
k = turbulent kinetic energy (m?/s?)
L= duct length (m)
Nu = Nusselt number
p = wetted perimeter (m)
P = pressure (Pa)
Pr = Prandtl number
¢q = heat flux (W/mz)
Re = Reynolds number
T = temperature (K)
u = velocity (m/s)
x = coordinate (m)

Greek Symbols

0; ; = Kronecker delta

& = turbulent dissipation rate (m%/s%)

x = von Karman constant (=0.42)

A = thermal conductivity (W/(m-K))

1 = dynamic viscosity (kg/(m-s))

1, = eddy or turbulent viscosity (kg/(m-s))

p = density (kg/m?)
o, = turbulent kinetic energy Prandtl number
0. = turbulent dissipation rate Prandtl number
or = turbulent energy Prandtl number

Subscripts

b = bulk
¢ = cross section

Journal of Heat Transfer

circle = circular tube
i = partial element
in = inlet
out = outlet
p = the first near-wall node
t = turbulence
w = wall
x = axial position of the duct
oo = infinite length

Superscripts

'= fluctuation value
~ = time-averaged value
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