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Investigation of a Large High-
Speed Diesel Engine Transient
Behavior Including Compressor
Surging and Emergency Shutdown
The operation of a large high-speed engine under transient loading conditions was i
tigated, using a detailed simulation code in conjunction with a model capable of pre
ing compressor surging. Engine loadings were applied, which were considered dang
for initiating compressor surging and cases where compressor surging could occur
identified. A means of avoiding compressor surging by opening a bypass valve conn
between the compressor outlet and turbine inlet was examined. Finally, the case of e
abrupt stopping by rapidly closing the engine emergency shutdown valve, located d
stream of the compressor, was also investigated.@DOI: 10.1115/1.1559903#
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Introduction

Engine simulation codes are widely used during the des
development and optimization of the reciprocating internal co
bustion engine,@1–3#. Especially during the recent years, the i
creasing complexity of engine configurations,@4,5#, ~using EGR,
waste gates or Variable Geometry Turbines! in conjunction with
the extensive usage of electronic systems for controlling the v
ous engine parameters,@6#, introduced for improving engine per
formance and reducing exhaust emissions, necessitates the u
tion of detailed engine simulation codes in the design proc
Using such codes for predicting the steady state as well as
dynamic behavior of the engine and its components, the pr
types manufactured can be designed close to the optimum s
tion. Detailed engine simulation codes can be used, apart f
matching the engine with its turbocharger and testing various
gine controllers and engine design options, for investigating
engine and turbocharger transient behavior,@3,7,8#, as well as
complex phenomena, such as compressor surging, and thu
taining data which otherwise could only be measured using c
plicated and costly techniques.

For determining the compressor behavior under surging co
tions, a lumped parameter model was introduced in@9#. This
model was applied for studying of the dynamics of the surge
rotating stall in an axial flow compression system and was veri
experimentally. It was shown in@10#, that this model is also ap
plicable to centrifugal compressors. In@11#, the compressor shaf
speed dynamics were incorporated in the above model, gre
improving the agreement with the surge behavior measured
turbocharger centrifugal compressor fitted on a single comp
sion system.

In @12#, the model presented in@9# was used in conjunction with
an engine simulation code for the performance prediction o
sequentially turbocharged marine Diesel engine, including ca
where compressor surging occurred. For investigating the tu
charged reciprocating engine behavior under compressor sur
conditions, a one-dimensional unsteady flow model was also
sented in@13#. This model was capable of predicting the compre

Contributed by the Internal Combustion Engine Division of THE AMERICAN SO-
CIETY OF MECHANICAL ENGINEERS for publication in the ASME JOURNAL OF
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sor and engine behavior, but the full geometry of the compres
and its piping system is required and it can be only used in c
junction with one-dimensional codes.

The model presented in@11# was extended by the authors
@14,15#, so that the variations of the compressor inlet pressure
temperature during compressor surging cycles were taken into
count, and was extensively validated against the experimenta
sults published in@11#. This model was incorporated into a de
tailed zero-dimensional code,@16,17#, as a new compresso
model, so that the code can be used for examining special cas
engine running under conditions that may result in compres
surging.

The present paper describes the investigation of the trans
behavior of an eight-cylinder, 34.5 L, large high-speed Diesel
gine, using the derived engine simulation code. After validat
the steady-state simulation results against experimental data
tial transient simulation runs were performed in order to comp
the derived results using the existent and the new compre
models. Furthermore, the dynamic behavior of the engine and
turbocharger was investigated, with engine loadings that w
considered dangerous for compressor surging. In addition, a
for avoiding compressor surging by opening a bypass valve c
nected between the compressor outlet and the turbine inlet
examined. Finally, the engine and turbocharger behavior du
the engine emergency shutdown procedure was also investig

Turbocharged Engine Modeling

For the prediction of the steady-state and transient performa
of a turbocharged engine, a detailed zero-dimensional code
been developed and used for a number of years,@16,17#. The code
is flexible allowing the simulation of a variety of engine config
rations including four-stroke, two-stroke, Diesel, gasoline, natu
gas, turbocompound engines, etc.

The code is of ‘‘control volume’’~filling and emptying! type,
and it can also estimate the one-dimensional flow effects ins
engine manifolds based on a pseudo-one-dimensional pipe m
A number of basic engineering elements such as flow recei
~cylinders, plenums!, flow controllers~valves, compressors, tur
bines, heat exchangers, pipes!, mechanical elements~crankshaft,
shafts, gearboxes, clutches, shaft loads!, and controller elements
~PID speed governor, PID controllers! are available. A turbo-
charged engine can be modeled as several flow receiver elem
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~control volumes! interconnected by flow controller elements. Th
engine environment is regarded as a fixed fluid element~constant
pressure, temperature and composition!. Mechanical connections
are allowed between cylinders and crankshaft, which in addi
can be connected to a shaft load via a gearbox and/or clu
Although a number of different submodels are available for
simulation of the various components of an engine, only the o
used for the modeling of the engine examined in this paper wil
described here.

The flow receivers are treated as open thermodynamic sys
where work, heat, and mass transfer take place through
boundaries. The working fluid in each flow receiver is regarded
homogenous mixture of pure air and combustion products, s
jected to the perfect gas law. Spatial uniformity of the fluid pro
erties is assumed at any instant. Thus, the instantaneous sta
the flow receiver gas is described by its temperature, equivale
ratio and pressure. The first law of thermodynamics, the con
vation of mass and the ideal gas law are applied to each
receiver. The resulting set of coupled differential equations is
merically solved step by step for all volumes in turn.

The rate of change of a flow receiver gas equivalence ratio w
respect to time depends on the rate of fuel addition by injec
and on the fuel content in the form of combustion products of
gas entering or exiting the flow receiver.

Combustion is modeled as a heat release process. Cumul
fuel burning rate diagrams~S-curve functions,@18#! are used for
the simulation of the combustion process.

The heat transfer process between the working gas and its
roundings is considered to consist of two parts: heat transfer f
gas to wall and heat transfer from wall to coolant, for both t
flow receiver and the flow controller elements. For the first part
the case of cylinders, the heat transfer coefficient is calcula
using the Woschni correlation,@19#, whereas Nu-Re-Pr correla
tions, @20#, are used for calculating the heat transfer coefficien
the other flow receivers and flow controllers. For the wall to co
ant heat transfer, the surface wall temperature of the various
ments are calculated using coefficients that determine how c
the wall temperature is to the ‘‘adiabatic’’ temperature of the w
or to the coolant temperature.

In the case of cylinders, the rate of change of a cylinder volu
is calculated using the geometry of the piston, crank throw,
connecting rod.

The flow through the inlet and exhaust valves~flow control-
lers!, connected to a flow receiver, is considered to be qu
steady,@18,21#, at each time step and calculated as a function
instantaneous valve effective area and pressure ratio.

The compressor is modeled using a digital representation o
steady-state map. The steady-state compressor map is assum
apply at all engine operating conditions. The compressor m
which represents the compressor speed and efficiency as func
of corrected flow with respect to pressure ratio, is accessed u
the instantaneous values of pressure ratio and turbocharger s
obtained from calculations within the engine simulation progra
The compressor corrected flow and efficiency are calculated u
interpolation, thus enabling the calculation of the instantane
compressor mass flow rate. Then, the compressor impeller
sorbed torque is calculated by the following equation:

tc5
30gRṁcTo1

pN~g21!hc
~prc

(g21)/g21!. (1)

The turbine is modeled using a digital representation of
swallowing capacity and efficiency maps, which usually prov
the turbine swallowing capacity~or mass flow rate parameter! and
efficiency, as functions of the turbine pressure ratio and
turbocharger speed. The turbine mass flow parameter and
ciency are calculated using the turbine expansion ratio and
turbocharger shaft speed, interpolating between the given po
of the turbine maps. Then, the instantaneous turbine torqu
calculated by
Journal of Engineering for Gas Turbines and Power
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t t5
ṁtcpTo3h t~12~po4 /po3!(g21)/g!2Q̇t

pN/30
. (2)

Turbocharger speed is obtained by integrating the angular
mentum conservation equation, governing the turbocharger s
dynamics:

dNTC

dt
5

30

pI
~t t2tc!. (3)

The temperature of air exiting the charge air cooler is calcula
using the cooler effectiveness. The air cooler pressure dro
calculated as function of the air cooler mass flow rate.

The gas temperature, mass and equivalence ratio of every
receiver at each time step are calculated by numerically integ
ing, through a predictor-corrector scheme, the differential eq
tions giving the time derivatives of gas temperature, mass,
equivalence ratio, respectively. The gas pressure is calculated
ing the perfect gas law.

For the calculation of the engine crankshaft speed, the en
cylinders are considered to be mechanically connected to
crankshaft, which is in turn connected to the engine load. T
cylinders produce torque, whereas the engine load absorbs to
The engine speed is defined by the angular momentum conse
tion in the engine crankshaft:

dNE

dt
5

30~( i 51
ncylt i2tL!

pI tot
. (4)

For the calculation of the brake torque developed by the eng
cylinders, friction losses, dependent on the mean piston speed
the maximum cylinder pressure,@22#, are taken into account.

For the transient engine simulation, an engine speed gove
element is used for the control of the fuel rack position, whic
in turn, determines the fuel injected into the engine cylinders
order to stabilize the engine speed around a desired point.
output of the engine speed governor is calculated using the
control law:

y5yinit1kP~Nord2N!1kIE
t0

t

~Nord2N!dt. (5)

Compressor Dynamic Response Modeling
In previous studies of the authors,@14,15#, a model capable of

predicting the compressor dynamic behavior including cases
turbocharger compressor surging was presented. This model
extensively validated using published experimental data fo
simple centrifugal compression system.

This model was incorporated into the engine simulation co
as an additional compressor model. According to this mod
the compressor mass flow rate is calculated using the follow
equation:

dṁc

dt
5

p22pp

Lc /A
(6)

wherep25p1•pr.
The above equation was derived considering the compresso

a single pipe and applying the momentum conservation. T
cross-sectional area of this pipe is considered to be equa
the compressor impeller eye area and the equivalent lengt
calculated by

Lc

A
5E

compressor & its ducting system

d,

A~, !
. (7)

Using the above equations, the inertia of the air contained
side the compressor and its inlet and outlet ducts is taken
account.

In addition, in order to take into account the departure of
compressor characteristics from their steady-state form when
APRIL 2003, Vol. 125 Õ 581

of Use: http://www.asme.org/about-asme/terms-of-use



fi

t

l

o
u
a

h

e

l
r
e
i

d

le is
en-

ine

cter-
ef-

aly-
t
a

on-
the

be
ion

ch
r-

d by

nal
line
r
en

om-
the

d by

me

n

Downloaded From
compressor operates under dynamic conditions, the following
order differential equation is used for the calculation of the co
pressor pressure ratio:

dpr

dt
5

1

t
~prss2pr !. (8)

The time lag, used in the above equation, has the effec
flattening the steady-state compressor characteristics,@11,23#, and
is considered to be in the order of the compressor throughfl
time, @11#:

t5
Lmer

u c u
(9)

whereLmer is the meridional length of the compressor impel
and diffuser and c is the meridional average flow velocity.

The additional compressor geometric data, required as in
for the new model are, the equivalent length (Lc) for the com-
pressor inlet, impeller, diffuser, volute and outlet ducting syste
the impeller eye area (A), the compressor impeller and diffuse
meridional length (Lmer). In addition, the compressor characte
istics in the form of pressure ratio versus flow for various valu
of rotational speed are required. For the calculation of the c
pressor torque, the nondimensional torque coefficient as a f
tion of flow coefficient, instead of the efficiency contours, w
preferred to be used as input. Plotting the compressor n
dimensional torque coefficient versus flow coefficient, the res
will be almost a straight line. Thus, only the coefficients of t
equation of this line must be given as input. For each point of
compressor map, the compressor nondimensional torque co
cient can be calculated by

Gc5
tc

rAr2U2
(10)

where the compressor torque is given by Eq.~1!, whereas the
compressor flow coefficient can be calculated by

fc5
ṁc

rAU
. (11)

Thus, the following equation can be used for the estimation
the compressor nondimensional torque, which is derived by cu
fitting using the points ofGc and fc , calculated from the com-
pressor map:

Gc5c1 fc 1 c2 . (12)

According to the new model, the steady-state compressor ma
accessed with the instantaneous values of corrected mass flow
and corrected speed and the steady-state pressure ratio is c
lated using interpolation. The compressor pressure ratio and m
flow rate are calculated at the end of each step by integrating
differential Eqs.~8! and ~6!, using a predictor corrector schem
Then, the compressor flow coefficient, the compressor nondim
sional torque coefficient and the compressor torque are calcu
in turn ~Eqs. ~11!, ~12!, and ~10!!. In addition, the compresso
efficiency is calculated using Eq.~1!. The total temperature at th
compressor outlet is calculated by the following equation, wh
is derived from the energy equation in the compressor,@18#:

To25To11
tc v

ṁccp

. (13)

The total enthalpy of the air entering the flow receiver co
nected downstream of the compressor can then be calculate
ing the temperatureTo2 .

The instantaneous turbocharger shaft speed is calculated b
tegrating the angular momentum conservation equation~Eq. ~3!!
for the turbocharger shaft.
582 Õ Vol. 125, APRIL 2003
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In case where the calculation of the compressor surging cyc
required, the compressor characteristics as well as the nondim
sional torque coefficient for the region to the left of the surge l
and for negative flows is needed as input.

In that case, for calculating the complete compressor chara
istics and the nondimensional torque coefficient versus flow co
ficient for the negative compressor flow region, a meanline an
sis method was used in@15#, which, however, requires a grea
amount of compressor geometric input data. Alternatively,
method for the estimation of compressor characteristics and n
dimensional torque coefficient, when the compressor map for
normal flow region is available, was presented in@14,15#. Accord-
ing to that, the characteristics of a centrifugal compressor can
estimated using the following second-order polynomial equat
for the negative flow region:

pr5pr01
prsrg2pr0

ṁsrg
2

ṁc
2 (14)

whereas, the following third-order polynomial equation, whi
was proposed in@24#, is used for calculating the compressor cha
acteristics for the region between zero flow and surge line:

pr5pr01
prsrg2pr0

2 F111.5S 2ṁc

ṁsrg

21D 20.5S 2ṁc

ṁsrg

21D 3G
(15)

where the compressor pressure ratio at zero flow is calculate
the following equation,@14#:

pr05F11
g21

2gRTo1
v2~r 2

22r 1
2!G

g
g21

. (16)

For the positive compressor flow region, the nondimensio
torque coefficient can be estimated using the equation of the
that fits the points ofGc andfc , calculated from the compresso
map~Eq. ~12!!. For the negative compressor flow region the ev
extension of this function can be used.

For negative compressor flow, the torque absorbed by the c
pressor impeller, which is derived using the energy equation in
compressor, is given by

tc5
uṁcucp~To12To2!

v
. (17)

Thus, the total temperature at the compressor inlet is calculate

To15To21
tc v

uṁcucp

. (18)

The total enthalpy of the air entering the compressor inlet volu
is calculated using the temperatureTo1 .

Engine Description
The Caterpillar 3508~CAT 3508! engine is a four-stroke, large

high-speed Diesel engine,@25#. It can be used as a propulsio

Table 1 Caterpillar 3508 parameters

Number of cylinders 8
Cylinder arrangement 60° V
Displacement 34.5 L
Bore 170 mm
Stroke 190 mm
Connecting rod length 380 mm
Compression ratio 13
Turbocharger 1 ABB RR-151
Operating speed range 1200–1800 rpm
Power output 785 kW@1800 rpm
BMEP 15.2 bar
Engine total polar moment of inertia 25.9 kg m2
Transactions of the ASME
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Fig. 1 CAT 3508—engine con-
figuration
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plant engine~mainly in tugs, fishing boats, fast ferries, etc.! as
well as a generator set engine. A CAT 3508 engine is installe
the testbed of the Laboratory of Marine Engineering~LME! of
NTUA, @26#, connected to a Zoelner water brake.

The CAT 3508 engine employs the constant pressure tu
charging system. Its intake manifold is located between the
banks of cylinders. The cylinders of each bank discharge t
exhaust gas into two different exhaust plenums. The standard
duction engine has two separate turbochargers, each one
nected to the exhaust plenum of one of the two cylinder ban
The CAT 3508 test engine of the LME is equipped with a sin
ABB RR-151 turbocharger,@27#, whose turbine is connected t
both exhaust manifolds via a Y-junction. This engine configu
tion was modeled here.

The basic engine parameters are given in Table 1, wherea
engine configuration is shown in Fig. 1.
Journal of Engineering for Gas Turbines and Power
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Results and Discussion
Initially, steady-state runs for engine operation at 1500 rpm a

various loads were performed. The combustion model const
were adjusted so that the measured maximum cylinder pressu
well as the engine torque is adequately predicted. The der
steady-state simulation results are presented in Fig. 2. In the s
figure, the respective measured data for the original engine c
figuration ~with two turbochargers! and for the engine configura
tion with the 1 RR-151 turbocharger, are also given. Good ag
ment between the measured and the predicted results is obse
However, it must be noted that the turbine of the turbocharger
the simulated configuration was the one that is currently fitted
the engine of the LME testbed, and its nozzle area is smaller t
the one of the turbine with which the measurements were p
formed. Thus, the predicted engine exhaust receiver pressu
Fig. 2 Steady-state predicted and measured results at 1500 rpm
APRIL 2003, Vol. 125 Õ 583
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Fig. 3 CAT 3508—measured rack position and engine speed
during load increase

Fig. 4 Compressor nondimensional torque coefficient versus
flow coefficient „calculated from compressor map and its linear
curve fit …
0%

584 Õ Vol. 125, APRIL 2003
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slightly greater than the measured one, resulting in slightly hig
turbocharger speed, compressor mass flow rate and engine
pressure. Therefore, more air is available in the engine cylind
for burning almost the same fuel amount, having as a result lo
exhaust receiver temperature.

After the steady-state simulation, a case of engine trans
simulation with load increase from 70% to 100% was examin
For such a case, measured data for the engine fuel rack pos
and engine speed were available and shown in Fig. 3. Using t
data, the engine PI speed governor constants~see Eq.~5!!, were
calculated so that the predicted results are in good agreement
the measured ones. These values were found to be:kP50.016 and
kI50.045. The transient simulation was performed using the
istent compressor model as well as the new compressor mo
The compressor nondimensional torque coefficient versus fl
coefficient points, which were calculated using the compres
map, are shown in Fig. 4. In this figure, the line, which fitted the
data and used as input in the calculations, is also presented
the predictions of the compressor surge cycles presented belo
this text, the even extension of this function was used for estim
ing the nondimensional torque coefficient for the negative co
pressor flow region. In addition, the third order polynomial E
~15! was used for the estimation of the compressor characteris
between zero flow and the surge line, whereas the compre
characteristics for the negative flow region were taken from@15#.

A set of the predicted results for the engine transient from 7
to 100% load, including the engine rack position, the eng
speed, the engine torque, the engine brake power, the rela
air/fuel ratio, the compressor pressure ratio and the turbocha
speed, as well as the trajectory of the compressor operating p
superimposed on the compressor map, is given in Fig. 5. In a
tion, the variation of the compressor parameters within one eng
cycle for the cycles after 0.3 sec~corresponding to 70% load! and
after 9.5 sec~corresponding to 100% load! is presented in Fig. 6.

As can be seen from these figures, the engine and turbocha
mean cycle parameters derived using the existent and the
compressor models practically coincide. However, the compre
efficiency values for the engine operating region close to 10
Fig. 5 Simulation results for engine load increase from 70% to 100% at 1500 rpm
Transactions of the ASME
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Fig. 6 Compressor parameters versus CA for „a… engine cycle after 0.3 sec „70% load … and „b… engine cycle after 9.5 sec „100%
load …
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load, predicted with the new model are slightly greater than
ones predicted with the existent model, resulting in slightly hig
turbocharger speed, compressor pressure ratio and air/fuel rat
addition, the instantaneous values of the compressor param
calculated using the new model are slightly shifted, compare
the respective ones calculated using the existent model.
former is owing to the fact that the compressor torque was ca
lated using the linear fit instead of the points derived directly fr
the compressor map~Fig. 4!. The latter is attributed to the way o
calculating the compressor mass flow rate and pressure ratio u
Eqs.~6! and~8!, instead of calculating the mass flow and press
ratio directly from the steady-state compressor map. Howe
since the new compressor model gives mean cycle results co
rable to the ones derived using the existent compressor model
additionally, the inertia of the air inside the compression syst
passages and the departure of the compressor characteristics
their steady-state form are taken into account, it is expected
more realistic predictions can be derived by using the new mo

Next, a transient run was performed, in which engine lo
changes, ‘‘dangerous’’ for compressor surging, were imposed.
Journal of Engineering for Gas Turbines and Power
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engine was operating at 1500 rpm with 85% load and the eng
load was reduced to 10% at 0.5 sec and then increased aga
100% at 2 sec. The predicted engine rack position, engine sp
engine torque and power, relative air/fuel ratio, compressor p
sure ratio and turbocharger speed, as well as the trajectory o
compressor operating points on the compressor map are show
Fig. 7.

During the load reduction1 from 85% to 10%, the engine spee
increased about 10%~1650 rpm at 1 sec! and as a result, the
compressor mass flow also increased.2 Thus, the compressor op
erating point moved towards the choking region on the comp
sor map. However, due to the engine speed governor respons
engine speed reached the engine setpoint of 1500 rpm at ab
sec. At that moment, the engine load increased to 100%, cau

1An engine load reduction may result in engine overspeed when the engine
ates close to the upper limit of its speed range. However, no problems are en
tered in the running of the turbocharger components.

2For a four-stroke engine, the engine volumetric air flow rate, and as a resul
compressor volumetric flow rate, mainly depends on the engine displacement vo
and the engine speed.
Fig. 7 Simulation results for engine transient operation at 1500 rpm—load changes 85%–10%–100%
APRIL 2003, Vol. 125 Õ 585
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Fig. 8 Simulation results for engine transient operation at 1250 rpm—load changes 85%–10%–90%
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an engine speed drop of about 15%~1270 rpm at 2.4 sec!. This
resulted in the reduction of the compressor mass flow rate,
thus the compressor operating point on the compressor
moved towards the surge line. Subsequently, the engine s
increased due to the action of the engine speed governor, s
compressor mass flow rate increased and as a result the com
sor operating point moved away from the compressor surge l

In the examined case, i.e. with engine running at 1500 rpm,
surge margin was adequate for avoiding compressor surg
However, considering the case where the engine operates at
rpm, the compressor operating point is located closer to the s
line and the surge margin is less than the one for the cas
engine running at 1500 rpm. The predicted engine parameters
the trajectory of the compressor operating points, for the cas
engine running at 1250 rpm with load changes 85%–10%–9
are given in Fig. 8. The predicted compressor parameters for
same case are shown in Fig. 9 As can be seen from these fig
compressor surging occurred during the engine load increas
about 2.3 sec. At that time, the engine speed had dropped to
rpm, which caused the reduction of the compressor mass
586 Õ Vol. 125, APRIL 2003
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rate, and thus the compressor operating point moved inside
compressor unstable area. Subsequently, with the increase o
engine speed due to the response of engine governor, the com
sor operating point moved again into the compressor stable o
ating region. As can be seen from Fig. 9, the compressor s
cycle lasted about 0.2 sec and consists of the period of positiv
negative flow reversal~where the compressor flow was almo
instantaneously reduced from 0.5 kg/s to20.4 kg/s!, the period of
negative flow, the period of the negative to positive flow rever
~where the compressor flow almost instantaneously increa
from 0 kg/s to 0.95 kg/s!, and the recovery period. During th
compressor negative flow period, the pressure downstream o
compressor was reduced from 1.75 bar to 1.45 bar within 0
sec, and subsequently, after the negative to positive flow reve
the pressure downstream of the compressor increased a
reaching 1.7 bar at 2.5 sec, before the next compressor s
cycle. As shown in Fig. 9, during compressor surging the torq
absorbed by the compressor impeller rapidly varied~especially
during the flow reversals!, thus introducing severe torsional load
ings to the turbocharger shaft. Due to the changes of compre
Fig. 9 Predicted compressor
parameters for engine transient
operation at 1250 rpm—load
changes 85%–10%–90%
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Fig. 10 Simulation results for engine transient operation at 1250 rpm and bypass opening—load changes 85%–10%–100%
g

n

g

e

s are
the

point

tra-
ine

and
was
the

n-
was
torque, the turbocharger speed increased about 200 rpm durin
period of negative compressor flow, and was subsequently
duced after the negative to positive flow reversal. It is evident t
such flow, pressure, and turbocharger shaft torque oscillations
harmfully influence both the engine and turbocharger operation
the examined case, the compressor surging lasted less tha
sec, and therefore it cannot critically affect the engine safe r
ning. However, the continuous occurrence of compressor sur
can adversely affect the engine running and should be avoide

A way of avoiding compressor surging, even when the eng
operates under dangerous load profiles, is by using a bypass v
connecting the compressor outlet and the turbine inlet. By open
this valve, some of the compressor air passes into the turbin
Journal of Engineering for Gas Turbines and Power
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that way, the turbine and also the compressor mass flow rate
greater than the one required by the engine. In addition, since
energy of the bypass air is used by the turbine~and not wasted, as
in the case of a simple pressure relief valve!, the turbocharger
speed also increases. As a result, the compressor operating
moves further away from the surge line.

The predicted engine and compressor parameters and the
jectory of the compressor operating points, for the case of eng
running at 1250 rpm with load changes 85%–10%–100%
bypass valve opening, are shown in Fig. 10. The bypass valve
progressively opened starting from about 1.6 sec, just before
forthcoming engine load increase, till the point of minimum e
gine speed at about 2.3 sec. Thus, the compressor mass flow
Fig. 11 Simulation results for engine transient operation during emergency shutdown
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Fig. 12 Predicted compressor parameters for engine transient operation during emergency shutdown
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increased and the compressor operating point was moved i
adequate margin away from the surge line at 2 sec. Therefore
engine speed drop~from 1250 rpm at 2 sec to 1050 rpm at 2.4 se!
did not cause compressor surging. The bypass valve was
progressively closed until its fully closed position at about 4.5 s
when the engine speed was close to its initial value of 1250 r
In addition, as can be seen comparing Figs. 9 and 10, the by
valve opening also prevented the turbocharger speed reductio
the time period after about 1.8 sec.

Finally, the CAT 3508 engine emergency shutdown was sim
lated. The engine emergency shutdown valve is located betw
the compressor outlet and the engine air cooler and it insta
neously closes in any case where an emergency alarm is activ
Thus, the air supply to the engine cylinders is immediately cut
the engine shuts down due to the lack of air to maintain the
combustion in the cylinders. The predicted engine parameters
the trajectory of the compressor operating points on the comp
sor map for such a case are presented in Fig. 11. In addition
compressor parameters are shown in Fig. 12.

Initially, the engine was operating at 1500 rpm and 100% lo
The emergency shutdown procedure was initiated at 0.9 sec
that instant, the emergency shutdown valve started closing a
fully closed at 1 sec. As Fig. 11 and Fig. 12 show, during
closing of the emergency shutdown valve, the pressure after
compressor was gradually increased, from 2.85 bar at 0.94 s
almost 3 bar at about 0.98 sec. Therefore, the compressor op
ing point was driven into the compressor unstable region, and
compressor flow rate became almost instantly negative at a
0.98 sec. However, the surge cycle was not completely follow
since after the negative to positive flow reversal~at about 1 sec!,
the shutdown valve had been fully closed, so the compressor
became almost zero. Due to flow reversal, the pressure
compressor was reduced to 2.3 bar at 1 sec, whereas the t
charger speed increased, from 55,000 rpm at 0.98 sec to 57
rpm at about 1.1 sec, because the compressor impeller abso
torque was reduced due to the reduction of the compre
mass flow. It was only after 1.1 sec that the turbocharger sp
was reduced due to the reduction of the exhaust gas energy, w
resulted in the reduction of the turbine torque. After the clos
of the shutdown valve, and due to the turbocharger rotation,
pressure after compressor followed the changes of the tu
charger shaft speed, i.e., it increased from 2.3 bar at 1 sec to
bar at 1.1 sec, and then started decreasing since the turboch
shaft decelerated.
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The closing of the emergency shutdown valve resulted in l
of air for combustion~the relative air/fuel ratio dropped below
0.6, which is the limit for combustion!. Thus, the engine torque
was reduced~almost to 0 within 0.2 sec!, and since the load torque
was considered to be constant, the engine rapidly decelerate

Conclusions
The behavior of a four-stroke, large high-speed engine was

amined using a detailed engine simulation code in conjunc
with a model capable of predicting the compressor dynamic
havior including cases of compressor surging. Initially, the sim
lation code steady-state results were validated against experim
tal data. Then, the engine speed governor model was calibr
based on available engine transient measurements. After that
gine transient simulation using the existent as well as the de
oped compressor models was performed. Subsequently, addit
transient runs were performed, in which, ‘‘dangerous,’’ for com
pressor surging, engine load profiles were imposed. Furtherm
a way of avoiding compressor surging by appropriately openin
bypass valve connecting the compressor outlet and the tur
inlet was examined. Finally, the case of the engine emerge
shutdown was also investigated.

The main conclusions derived from the present study are
follows:

The engine simulation code combined with the new compres
model can be used for predicting the engine and its turbocha
dynamic behavior providing more realistic compressor trans
performance predictions because the inertia of the air inside
compressor passages as well as the departure of the compr
characteristics during transients from their steady-state form
now taken into account. In addition, the engine and turbocha
behavior can be predicted even in cases where the compre
exhibits surging as well as during engine emergency shutdow

Engine load profiles dangerous for causing compressor sur
were identified. The transient simulation results showed that c
pressor surging can occur under certain loading conditions if th
is inadequate compressor surge margin, thus designating the l
for the engine safe operation. In that respect, the results of
study are used from the LME in order to avoid conditions in t
CAT 3508 engine testbed that could lead into compressor sur
and thus endanger the integrity of the test unit.

During compressor surging, the compressor mass flow rate
hibits large amplitude oscillations, resulting in also severe fluct
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tion of the pressure downstream of the compressor, which
adversely affect the turbocharger and engine operation. In a
tion, the almost instant changes of the compressor absorbed to
can introduce severe torsional loading to the turbocharger sh

Compressor surging can be avoided by appropriately openi
bypass valve connecting the compressor outlet and the tur
inlet. In such case, the simulation code can provide the requ
data for designing a controller for the bypass valve.

The simulation of the engine operation with compressor surg
as well as the engine emergency shutdown provides results
cannot be easily measured and thus contributes to the bette
derstanding of the dynamic behavior of the engine and its tur
charger in such cases.

Nomenclature

A 5 area (m2)
U 5 compressor impeller tip velocity~m/s!
c 5 velocity ~m/s!, constants

cp 5 specific heat at constant pressure~J/kg K!
k 5 constants
L 5 length ~m!
m 5 mass~kg!
ṁ 5 mass flow rate~kg/s!
p 5 pressure (N/m2)

pr 5 pressure ratio
Q̇ 5 heat transfer rate~kW!
R 5 gas constant~J/kg K!
r 1 5 impeller eye mean geometric radius~m!
r 2 5 impeller tip radius~m!
T 5 temperature~K!
t 5 time ~s!
y 5 rack position
G 5 Nondimensional torque coefficient
g 5 ratio of specific heats
h 5 efficiency
I 5 polar moment of inertia (kg m2)

N 5 rotational speed~rpm!
f 5 flow coefficient
r 5 density (kg/m3

t 5 time constant~s!, torque~Nm!
v 5 angular speed~rad/s!

Subsripts

o 5 total conditions
0 5 zero flow
1 5 compressor inlet
2 5 compressor outlet
3 5 turbine inlet
4 5 turbine outlet
c 5 compressor

E 5 engine
I 5 I-constant

init 5 initial
ncyl 5 number of cylinders
mer 5 meridional

L 5 load
ord 5 ordered
P 5 P-constant
p 5 plenum

srg 5 at surge line
ss 5 steady state

TC 5 turbocharger
t 5 turbine

tot 5 total
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