creative
comimons

C O M O N S
& X EAlI-HI el Xl 2.0 Gigel=
Ol OtcHe =2 E 2= FR0l 86tH AFSA
o Ol MHE=E= SN, HE, 8E, A, SH & &5 = AsLIC

XS Mok ELICH

MNETEAl Fots BHEHNE HEAIGHHOF SLICH

Higel. M5t= 0 &

o Fot=, 0l MEZ2 THOIZE0ILE B2 H, 0l HAS0 B2 0|8
£ 2ok LIEFLH O OF 8 LICEH
o HEZXNZREH EX2 oItE O 0lelet xAdE=2 HEX EsLIT

AEAH OHE oISt Aele 212 WS0ll 26t g&
71 2f(Legal Code)E OloiotI| &H

olx2 0 Ed=t

Disclaimer =1

ction

Colle


http://creativecommons.org/licenses/by-nc-nd/2.0/kr/legalcode
http://creativecommons.org/licenses/by-nc-nd/2.0/kr/

Fee BT

37144 SlER= ) H4 2 @A)
FAF AN A2 ol BE AT

A Real Time Prediction Method of Current
and Optimal Refrigerant Charge in
Air Source Heat Pump System

20204 2¢

A<t sty
NAFTITER
T A9



Abstract

A Real Time Prediction Method of Current and
Optimal Refrigerant Charge in Air Source Heat

Pump Systems

Sung Bin Hong
Department of Mechanical and Aerospace Engineering
The Graduate School

Seoul National University

Heat pump system has an optimal refrigerant charge. In order to improve
the performance of the heat pump and to prevent off-design operation, it is
desirable that the amount of refrigerant in the heat pump system is always
maintained optimally. In order to maintain the optimal charge level, it is
necessary to accurately predict the current charge amount in the system. There
are various studies for predicting the refrigerant charge, but most of the
methods are data-based, which is difficult to be applied to various systems. In

this study, physic-based charge prediction method is proposed to reduce the



cost and increase the accuracy of charge amount prediction.

First, a simulation-based charge prediction method is presented. The
configuration and geometry of the heat pump system is very complex, and this
system characteristic affects the refrigerant charge. Therefore, the geometry
and characteristics of the heat pump system are considered in detail in this
study. In addition, the lubricating oil charged in the compressor has a
significant effect on the refrigerant charge amount. Therefore, the effect of
lubricant in the compressor is considered in the modeling. Through the
simulation of the heat pump system, the amount of refrigerant was predicted,
and the error of prediction was 6.3%, indicating that the simulation-based
charge prediction method was very accurate. However, since the heat pump
system is considered in detail, the simulation-based method has a
disadvantage in its applicability.

In order to develop charge prediction method that can be universally
applied, a heat pump system was simplified and analyzed. Through some
assumptions and basic heat transfer analysis, a generalized charge prediction
equation was presented. A commercial heat pump experiment was conducted
to verify the accuracy of the proposed charge prediction equation. The
prediction error of the charge prediction equation was 3.7% for cooling mode

and 8.2% for heating mode. Since the charge prediction equation is presented



based on the phenomenon occurring in the overall air source heat pump, it can
be used universally. Nevertheless, some limitations exist. In this study, to
overcome these limitations, extended methods of charge prediction equation
were suggested.

First, in case of continuous operation, there always exist the points where
the assumptions are not satisfied so that the accuracy of the charge prediction
equation becomes low. For example, the accuracy of charge prediction
equation is drastically reduced during transient operation or if compressor is
not operating. Therefore, in order to increase the accuracy of charge
prediction equation in continuous driving, a criterion was presented for
selecting the points in which the assumptions are valid. Using the criterion,
the points of high accuracy of charge prediction equation were selected.
Through this process, the error of charge prediction equation was reduced to
6.11% even during continuous operation.

Next, the accuracy of charge prediction equation was verified in small
systems such as residential heat pump systems. In small heat pump systems, it
is impossible to ensure the presence of degree of subcool (DSC). In severely
undercharge case, where no DSC exists, the accuracy of the charge prediction
equation is greatly reduced, so this severe undercharged case was eliminated

by the leakage detection method. When the leakage is detected, it is obvious
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that the system needs to be recharged. Therefore, the charge prediction
equation is attempted only when the leakage is not detected. In this case, the
error of charge prediction decreased greatly from 18.6% to 5.16%.

For optimal control of the refrigerant charge, it is necessary to know the
optimal charge. The optimal charge of the system varies depending on the
configuration, controls, and operating conditions of the system. Therefore, in
this study, a real-time optimal charge prediction method was presented. To
predict the optimal charge, it is necessary to predict the performance change
of the system according to the charge amount. However, it is very difficult to
predict the performance of the system directly from the charge amount.
Therefore, in this study, the system performance was first predicted according
to the operating information, and the operating information was converted
into the charge amount using the charge prediction equation. Through this
process, it was possible to predict the system performance and the optimal
charge amount. The optimal charge prediction method was verified by
experimental data. The prediction error of the optimal refrigerant charge was
6.97%.

In conclusion, the optimal control of charge amount is available by
combining the current charge prediction method and the optimal charge

prediction method. In this study, the effect of the optimal control of charge



amount was evaluated. COP improvement of 6.04% is expected by optimal

control of charge amount.

Keywords: Air Source Heat Pump, Refrigerant Charge, Optimal Charge,
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Chapter 1. Introduction

1.1 Background of the study

Rapid industrialization and population growth have created tremendous
energy demand. Considered as one of the most commonly used energy
sources, fossil fuels expected to face its depletion in near future, and hence it
is inevitable to develop the renewable energy and to adjust the demand for the
energy. According to the U.S. Energy Information Administration (2019),
more than 70% of the total electricity consumption is for the home and the
commercial usage, of which nearly 40% is used for the space cooling and
heating. Therefore, adjusting the energy demand of space cooling and heating
will have a great impact on reducing the overall energy demand.

Air source heat pump system provides cooling and heating, is known as one
of the most widely used and reliable systems. In case of cooling, the heat
pump is most commonly used device for satisfying the cooling demand, and
even in case of heating, the heat pump replaces the conventional systems such
as boilers or electric heaters due to its high efficiency. The rapid increase of
the heat pump penetration rate is a natural consequence. Nowak et al., (2014)

shown in Fig. 1.1, reported that the heat pumps are rapidly popularized among
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Fig. 1.1 Total stock of heat pumps in Europe



Europe. They estimated that the number of heat pumps in Europe would have
increased more than seven times over the last decade. In addition, Biddle
(2008) reported that the rate of residential heat pump penetration in the United
States in 1980s increased about five times compared to that of the 1950s.
Since the heat pump system has a high penetration rate and demand, the
failure or malfunction of the heat pump system could cause a great
inconvenience and waste of energy. Therefore, the research on maintenance
and optimal control for improving the efficiency of the heat pump system is
very important.

The most common fault in an air heat source heat pump system is related
to refrigerant charge. There is an optimal amount of refrigerant charge in the
heat pump system, and the adequate amount of refrigerant must be charged in
the system. In real situation, however, there are cases that the refrigerant is
often overcharged or leaked during the installation or operation of the heat
pump system, and thus the amount of charge often varies significantly from
its optimal amount. As can be seen in Fig. 1.2, Rossi (2004) found that
refrigerant leakage accounts for 63% of all tune-up faults. Moreover,
according to Madani and Roccatello (2014), 17% of the maintenance costs of
an air source heat pump are due to refrigerant leakage. According to Kim et al.,

(2007), if the system is undercharged or overcharged, the coefficient of
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Fig. 1.2 Frequency of tune-up faults in air source heat pump system
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performance (COP) and cooling (or heating capacity) of the system are
reduced as shown in Fig. 1.3. Many researchers have reported this result.
(Kim et al., 2007; Corberan et al., 2008; Heo et al., 2008; Kim et al.,
2009; Corberéan et al., 2011; Kim et al., 2014; Yoo et al., 2017)

To avoid this off-design operation, the refrigerant charge in the heat
pump system must be checked in real time. However, checking the charge
amount in real time is extremely difficult since the method for directly
measuring the charge amount does not exist. Fortunately, the heat pump
system is usually equipped with a variety of sensors for control and fault
detection. Therefore, the amount of refrigerant charge can be indirectly
predicted in real time using this sensor information. However, since the heat
pump system has very complicated operating conditions and components, it is
not easy to predict the amount of the refrigerant charge through the sensor
information. Therefore, it is necessary to develop a method to predict the

amount of refrigerant charge in various heat pump systems with high accuracy.
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1.2 Literature survey

1.2.1 Refrigerant charge prediction method

Various sensors exist in the heat pump system. There are also a various
ways to estimate the refrigerant charge. The studies on the refrigerant charge
prediction are classified into two main categories; leakage detection and
charge prediction. The two methods differ in the scope of the target refrigerant
charge detection. Leakage detection determines whether significant amount of
refrigerant is leaked from the system, and charge prediction quantitatively
predicts refrigerant charge, including normal and overcharge region.

First of all, leakage detection methods are often studied as part of heat
pump fault detection and diagnosis (FDD). Rossi and Braun (1997) classified
various faults of heat pumps and used them to detect refrigerant leakage. In
the study, they classified the faults by the temperature, such as condensation,
evaporation temperature, degree of superheat (DSH), and degree of subcool
(DSC), and reported that among the temperatures, the DSC at the condenser
outlet was the most sensitive to refrigerant leakage. Kim and Kim (2005) also
found that DSC decreased with leakage of refrigerant. Tassou and Grace

(2005) developed a fault diagnosis and leakage detection system through



artificial intelligence and real-time performance monitoring. Through this
system, it was possible to distinguish the charge range from undercharged
(under 67%), normal (67 to 133%), to overcharged (over 133%). Kocyigit et
al. (2014) developed a fault diagnosis method based on P-h diagram. The
researchers distinguished various faults and detected low and overcharge by
using a P-h diagram of a heat pump that different for various faults. Yoo et al.
(2017) presented a method for determining refrigerant leakage using only two
sensors. Various refrigerant leakage detection methods have been proposed by
using machine learning. Shi et al. (2017) presented a refrigerant charge fault
detection method using Bayesian artificial neural network connected with
Relief filter. Guo et al. (2017) used four back-propagation neural networks to
detect four different faults in a heat pump system. While there are various
methods of detecting the refrigerants leakage, most of the methods can only
detect the faults under severe under or overcharged state. (under 60% or over
130%) Furthermore, since the amount of refrigerant is not quantitatively
predicted and only the leakage is determined, it is inevitable that the system
experiences a deterioration of the performance in the region which is
considered to be the normal region (60 to 130%).

In addition to the leakage detection methods, the charge prediction

method quantitatively predicts the amount of refrigerant using various sensors.



This also can be classified in two ways. One is black box model which is data-
based method, and the other is physics based method. First, the data-based
model which is based on advanced data analysis technology and big data, can
accurately predict the amount of charge using actual sensor information
regardless of physical phenomenon. The artificial neural networks (ANN) are
a representative black box model. Eom et al. (2019) quantitatively predicted
the amount of charge in the heat pump system using ANN. The black box
model can be used without a detailed understanding of the system, so it can be
applied to extremely complex systems and situations. However, this method is
can only be applied to the specific system from which the data was collected.
This method is mostly not useful when the system is different because it
requires a lot of data to apply to the new system.

In order to apply the prediction method to various systems, the method
must be developed based on the physical analysis. In the refrigerant charge
prediction, there are no complete physics based model, but the most similar
one is the virtual refrigerant charge sensor (VRC) developed by Li and Braun
(2009). The virtual refrigerant charge sensor predicts the refrigerant charge
using the assumption that the DSC and DSH have a linear relationship with
the charge. VRC is a very useful method, but it has a disadvantage of low

accuracy depending on the system. In order to overcome these drawbacks, a



number of extended versions of VRC have been proposed. Kim and Braun
(2015) added the refrigerant quality at evaporator inlet and DSH at
compressor discharge to the VRC, and improved the accuracy of charge
prediction. Li et al. (2016) reduced the errors of the VRC by using the support
vector regression. VRC is a simple and useful method, but it is still more an
empirical method than a physical method. Therefore, a large number of
experimental data are required, and reliability varies greatly depending on the
system.

Although there have been multiple studies of various refrigerant charges,
studies on charge prediction methods based on physical phenomena and
characteristics are still insufficient. In order to increase the accuracy of charge
prediction and reduce the cost, it is necessary to develop a physics based
charge prediction method. In particular, it is important to develop a prediction

method of the charge amount which has the high accuracy in various systems.
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1.2.2 Optimal control of air source heat pump

Although there are various studies on optimal control of heat pump, not
many degree of freedom of heat pump control is manipulated. Fig. 1.4 shows
the P-h diagram of a typical heat pump system. As shown in the figure, the
P-h diagram of the heat pump system is determined when the status at
compressor inlet and condenser outlet is given. Thus, it has four degrees of
freedom. In addition, the mass flow rate of refrigerant is separately
adjustable from the P-h diagram. Thus, conventional heat pump systems
have a maximum five degree of freedom. Ideally, all five of these variables
should be independently adjusted properly to achieve the best performance.
However, according to Goyal et al.(2019), most heat pump systems only
control compressor inverter speed and expansion valve opening. The
compressor and expansion valve control the mass flow rate of refrigerant and
evaporating pressure respectively. The remaining variables are determined
depend on the characteristics of the systems and operating conditions.
Consequently, practically only two degree of freedom is used to control the
heat pump system. Most studies on controlling air source heat pump suggest
the method of maximizing COP or demanding response using this two

degree of freedom. (Marcinichen et al., 2008; He et al., 1997;)
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Fig. 1.4 P-h diagram of vapor compression heat pump system
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First of all, many researchers including Qureshi and Tassou (1996)
suggested feedback control model using variable speed compressor and
expansion valve. (Vargas and Parise, 1995; Outtagarts et al., 1997; Finn and
Doyle, 2000) For further improvement of heat pump performance, diverse
versions of multi-input multi output (MIMO) feedback control strategy of
heat pump system were also presented. Shah et al. (2004) suggested a
multivariable control method for automotive heat pump system through
simulation analysis. Also, an optimal controller for heat pump system was
developed by Larsen. (2006) According to Larsen, the controller is able to
deal with the various driving status change by a cascade feedback loop.

Advanced to conventional control model, a predictive control model is
actively researched. The predictive control model has the disadvantage that
the modeling process is complicated, but it is advantageous to deal with the
driving condition or load changes of the system because it predicts and copes
with the movements in advance. (Garcia et al., 1989 ). Also, thanks to
advanced data analysis technology and big data, many data-based control
models have been developed. Artificial neural network is a representative
data-based control method. Nanayakkara et al. (2002) presented an
expansion valve opening control model based on artificial neural network.

Ekren et al. (2010) suggested simultaneous control method of expansion

13



valve and compressor inverter frequency by artificial neural network.

While various heat pump optimization studies exist as described above,
few research has been made on refrigerant charge optimization. However,
refrigerant charge control allows an additional degree of freedom to heat
pump. Therefore, if the condensing pressure is controlled independently
through charge adjustment, increase in the performance of the heat pump is
expected. However, optimal adjustment of refrigerant charge is currently
difficult in most heat pump systems. Currently, information on the optimal
charge is provided by the heat pump manufacturer through the experiment.
However, this pre-obtained charge amount is highly likable to be different
from the actual optimal amount of the refrigerant charge. There are two
reasons for this. Firstly, the condenser and evaporator of the heat pump are
connected via liquid line and vapor line, and the length of the two tubes have
a great influence on the refrigerant charge in the heat pump. Although
additional refrigerant is injected depending on the length of the liquid and
vapor lines, it is very difficult to accurately measure the length of this tube,
and the optimal additional charge also depends on the conditions. Moreover,
the optimal charge amount of the heat pump depends on the operating
conditions. Since heat pumps are used in a variety of climatic conditions, the

operating  condition  varies;  heating/cooling mode  operation,
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part/nominal/full load conditions. Although the optimal charge amount
changes according to the operating conditions, it is excessively expensive to
obtain the optimal charge through experiments in all conditions.

If accurate prediction of the optimal charge is possible, the charge can
be optimally adjusted yearly, seasonally, or ideally in real time, and it can
consequence an improvement in the performance of the heat pump.
Therefore, it is necessary to develop a predicting method of optimal charge

amount in real time operation using the driving information of the heat pump.
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1.3 Objectives and scopes

In order to increase the accuracy of charge prediction in the heat pump
and reduce the cost, it is necessary to develop a method of predicting the
charge amount based on the physics. In this study, a method of estimating
the refrigerant charge of the air heat source heat pump system is proposed
using the sensor information and is verified the accuracy through
experimental data. In particular, through theoretical analysis, method was
developed which is applicable to the various systems. Also, both charge
prediction method using detailed physical modeling of heat pump system
and charge prediction equation from theoretical analysis of refrigerant
charge with simplified system were proposed and verified. In order to verify
the applicability in various systems, experiments were conducted on both
residential and commercial air source heat pump systems.

In addition, extended versions of the proposed charge prediction
method were suggested for estimating refrigerant charge amount in various
situations, such as a charge prediction method while transient driving and a
charge prediction for a system with extremely limited number of sensors.
Finally, a method of predicting the optimal charge amount through
theoretical analysis was developed and the effect of real-time refrigerant
amount control was evaluated. The detailed objectives and scopes for each
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chapter are as follows.

The chapter 2 shows how to predict the charge amount in a heat pump
system by detailed modeling of heat pump component. In this chapter,
modeling of the heat pump system was performed in detail by simulating the
commercial heat pump used in the experiment. In this modeling, however,
unlike general heat pump modeling, the amount of refrigerant charge is an
output value rather than an input value, and the sensor information (or state
of refrigerant) is an input value, rather than an output value. Through the
simulation of this model, the amount of refrigerant in the system is estimated
using the sensor information and the result is compared with the
experimental results. In addition, the distribution of the charge amount in
each component was investigated.

The chapter 3 presents the generalized theoretical charge prediction
equation. In order to apply a single refrigerant charge prediction method to a
general heat pump, it is necessary to estimate the amount of refrigerant using
a common phenomenon which appears in all heat pump systems. Thus in
this chapter, the heat pump system is very simplified to derive the charge
prediction equation. Through the theoretical analysis of this simplified
system the generalized charge prediction equation was proposed, and the

accuracy of the equation was verified through the experiments. Also, in order
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to overcome the limitations of the proposed equation, the extended versions
of charge prediction equation are presented for each situation and verified
through the experiments.

Finally, the chapter 4 presents a method for predicting the optimal
refrigerant charge of the system based on the current charge prediction.
Since the optimal refrigerant charge differs in both the system and operating
condition, it is possible to control the refrigerant in real time if the optimal
charge amount is predicted in real time. Therefore, in this chapter, a real-
time optimal charge prediction method is suggested through theoretical
analysis and is verified through experiments. Finally, the optimal control of

the refrigerant charge is evaluated.
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Chapter 2. Charge amount prediction of air

source heat pump using cycle modeling

2.1 Introduction

Major components of the vapor compression system are the compressor,
condenser, expansion device and evaporator. Since the state change of the
refrigerant occurs only in these major components, general heat pump
modeling models these four components. However, there are additional
components to consider in heat pump modeling for charge prediction. The
condenser and evaporator are connected by vapor line and liquid line, and
there is a considerable amount of refrigerant in both lines. In addition,
refrigerant also exists in the accumulator. These components do not change
the state of the refrigerant but have a great influence on the amount of
refrigerant, and therefore must be considered in the charge amount
prediction model. Likewise, the effects of lubricant in the compressor should
also be considered. The compressor of heat pump system is filled with
lubricant. Since the lubricant is very well mixed with the refrigerant, a
considerable amount of refrigerant may be dissolved in the lubricant

depending on the operating conditions. In this model the refrigerant charge
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amount is calculated in consideration of the effect of this lubricant. The
geometry of a typical air source heat pump is very complex. This system
specification also affects the refrigerant charge. Therefore, in order to
accurately estimate refrigerant charge through modeling, the geometry of
specific heat pump should be considered.

The modeling target system in this chapter is the commercial heat pump
system with nominal capacity of 30 kW used in the experiments in chapter 3.
The modeling process is similar to a general heat pump system, but in this
modeling, the refrigerant charge amount is an output value instead of an
input value, and the state value of the refrigerant is an input value, not an
output value. Therefore, using this modeling, it is possible to predict the
amount of refrigerant by using the sensor information. The simulation is
performed under various cooling/heating conditions, and the accuracy of
charge prediction through modeling is verified. In addition, the distribution
of refrigerant for each system component is determined according to the

amount of charge.
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2.2 Heat pump modeling

2.2.1 Heat exchangers

In this modeling, the operation information is the input value. In the
case of a commercial heat pump, the sensor information is very diverse, and
when all of them are input to modeling, modeling is over-defined. Therefore,
it is preferable to input only the operation information having a small
measurement error and having a large influence on the system. Therefore,
inlet and outlet pressure of the compressor were given to the modeling, in
addition to operating information such as rotational speed of compressor, air
flow rate at condenser and evaporator, and indoor/outdoor air temperature.

Inputs to heat exchanger modeling are air flow rate, air inlet
temperature, mass flow rate of refrigerant, inlet pressure of refrigerant
(condenser), outlet pressure of refrigerant (evaporator) and inlet enthalpy of
refrigerant. The outputs are outlet pressure of refrigerant (condenser), inlet
pressure of refrigerant (evaporator), outlet enthalpy of refrigerant, and the
charge amount in the heat exchanger.

Fig. 2.1 and Fig. 2.2 illustrate the schematic diagram of flow path of

outdoor heat exchanger and indoor heat exchanger, respectively. As can be
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seen, the heat exchanger geometry of the commercial heat pump is very
complex. Nevertheless, this geometry has been considered in detail because
it affects the heat pump performance and charge amount. The figures show
the refrigerant flow in the cooling mode, and in the heating mode the
refrigerant flow is reversed. Therefore, air and refrigerant flow counter-cross
in the outdoor unit and parallel-cross in the indoor unit when operating in
cooling mode. On the contrary, in heating mode operation, air and refrigerant
flow parallel-cross in outdoor unit and counter-cross in indoor unit. In
addition, as shown in the figure, the refrigerant is split into nine paths on the
upper side of the outdoor unit, then merged and split again to twelve paths
on the lower side. In the indoor unit, the refrigerant is branched into ten
paths and merged. In this process, the flow rate of the refrigerant may be
divided differently for each path. However, this divided ratio is very difficult
to predict, so this study assumes that it is split with the same weight. In
addition, in the case of the air flow rate, it is assumed that the flow rate is
evenly distributed throughout the heat exchanger. For heat exchanger
modeling, the heat exchanger was subdivided following the flow direction of
the refrigerant. Single part of the upper and lower side of the outdoor unit
was divided into 60 elements, and also the single flow path of the indoor unit

was divided into 60 elements each.
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In order to perform heat exchanger modeling, the overall heat transfer
coefficient must first be obtained. The overall heat transfer coefficient can be

obtained from overall heat transfer resistance as in Eq. (2.1).

11 1
kA " hA;

UA noUvo

(2.1)

Here, since the term relating to conduction can be easily obtained, the
refrigerant side heat transfer coefficient and the air side heat transfer
coefficient should be obtained, individually.

The heat transfer coefficient of refrigerant side depends on the state of
the refrigerant. First, if the refrigerant is in single phase, the Nusselt number

can be predicted by Eqgns. (2.2), (2.3). (Colburn, 1964)

Nu = 4.36 (for laminar) (2.2)

Nu = 0.023Re*/5pr1/3 (for turbulent) (2.3)

When estimating the Nusselt number, the assumptions may not be fully
acceptable to the actual heat pump. However, considering that the air side
heat exchange coefficient has a dominant influence on the overall heat

exchange coefficient, the error of the refrigerant side heat transfer coefficient
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is acceptable.
As Egns. (2.4) and (2.5), the correlation of Chato (1960) was used for
the condensation process. Here, the surface temperature in the tube, Tgy,

should be predicted by trial and error in each element.

_ k3hl 1/4
h = 0555 gpi(pr — pu)ki hyg (2.4
Hy (Tsat - Ts)
, 3
hfg = heg + gcp,l(Tsat —T5) (2.5)

Boiling coefficient was calculated using the correlation for horizontal
tube of Gungor and Winterton (1986) shown in Egns. (2.6) and (2.7). Boiling

number, Bo, was calculated by trial and error in each element.

h 0.75 0.41
— = 1+ 3000B0%%¢ + ad ] (ﬂ> (2.6)
h; 1—x Pg
q
Bo = (2.7)
hsyG

Now, the air side heat transfer resistance should be obtained. Surface
efficiency, 7, is determined by the heat exchanger geometry. Therefore, in
order to obtain air side heat transfer resistance, the air side heat transfer

coefficient should be obtained. The air side heat transfer coefficient can be
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obtained by using Colburn j factor as Eq. (2.8). (Wang et al., 2000)

ho
j — S Pr2/3 28
paiTVmaxCPa ( )

According to Wang et al. (2000), there are various correlations for this
Colburn j factor. However, this value is highly dependent on the geometry of
the heat exchanger and has a great impact on the results. Therefore, using the
Colburn j factor derived through actual system experiments can contribute to
the improvement of modeling accuracy. The basic form of the Colburn j

factor is shown in Eq. (2.9).

j = CiReg (2.9)

In this study, C; and C, values were derived experimentally for the
condenser and evaporator.

Next, the pressure drop in the heat exchanger should be calculated. For
single phase pressure drop, the friction factor for laminar and turbulent flow

can be applied as shown in Egns. (2.10), (2.11), and (2.12). (Petukhov, 1970)

2P (2.10)
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_ 64

=— (for laminar) (2.11)
Re

f

f =(0.790InRep — 1.64)72 (for turbulent) (2.12)

For 2-phase region pressure drop, Muller-steinhagen and Heck

correlation (1986) was used as Eqg. (2.13).

(dP) _
dL)ey

<<Z_i)l e (<Z_ILJ)g - (fTi)l) X) (1—x)3 + (Z_’L’)g X3 (2.13)

Through previous heat exchanger modeling, it is possible to predict the
state change of the refrigerant in the heat exchanger. Then, the refrigerant
charge in the heat exchanger can be calculated. In case of single phase region,
charge amount is a product of inner volume of heat exchanger and the
density of the refrigerant. For 2-phase region, the void fraction should be
predicted. A void fraction correlation for horizontal tube suggested Rouhani
(1969), which is shown in Eq. (2.14), was used to predict the void fraction in

condenser and evaporator.
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Cy(l—x) [W] (2.14)
- 171

m

The ¢, and C, values are empirical values that vary with operating
conditions and geometry of the heat exchanger. Therefore, the two
coefficients were determined using the experimental results to minimize the
prediction error of the charge amount. Once the void fraction is obtained, the
refrigerant charge of the 2-phase region can be calculated.

Through the modeling process, it is possible to calculate the state
change of the refrigerant in the condenser and evaporator. Also, the

refrigerant charge in the heat exchanger can be predicted.
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2.2.2 Compressor and expansion device

The commercial heat pump system, which is the modeling target, is
equipped with a 62 cc scroll compressor. In compressor modeling, the input
properties are suction pressure, discharge pressure, and suction temperature.
This results in mass flow rate of refrigerant, and discharge temperature.
Compression process of scroll compressor can be assumed to be a polytropic
process. Then, the specific volume of discharged refrigerant can be

calculated as Egns. (2.15), (2.16)

. lnPs/Pd

L (2.15)
oL

vy = <_S)” v (2.16)
Py

Here, the temperature and the enthalpy of the discharged refrigerant
also can be easily found. The mass flow rate from the compressor can be

obtained from Eq. (2.17).

Meomp = My PsVaisp@ (2.17)

The volumetric efficiency, 7y, is a pre-obtained value from the
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experiments.

In this system, an electronic expansion valve is used as the expansion
device. The refrigerant isenthalpic expands in the electronic expansion valve,
so in steady-state modeling, the expansion valve can be simplified as the

following Eq. (2.18).

leev,in = leev,out (2.18)
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2.2.3 Lubricant and other components

The compressor of the heat pump system is filled with oil for
lubrication. If phase separation of lubricant and refrigerant occurs,
lubrication cannot be performed properly and may cause compressor failure.
Accordingly, the refrigerant and the lubricant have a high solubility to each
other. As a result, there large amount of refrigerant may exist in the lubricant.

Ideally, lubricants present only in the compressor, but some lubricants
are inevitably discharged from the compressor with refrigerant. Therefore,
the oil separator for the recovery of such lubricant is provided in the
compressor. Most of discharged oil is returned to the compressor through oil
separator. Therefore, most lubricants are always present in the compressor.
According to Kim (2015), the lubricant amount out of compressor is less
than 1% of the total system volume. Therefore, most of the lubricant effects
occur only in the compressor. In addition, it is difficult to predict the actual
amount of lubricant circulating the system because it is very difficult to
measure the amount of oil discharged from the compressor. Therefore, only
the lubricant in the compressor is considered in this study.

The compressor of the modeling target was filled with 3 kg of lubricant.
In order to calculate the refrigerant charge dissolved in the lubricant, it is
necessary to predict the lubricant temperature, and pressure and the
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solubility of the refrigerant. First, the lubricant pressure is the same as the
suction pressure due to the compressor structure. In general, the temperature
of oil is not measured, so it must be obtained by calculation. Oil temperature
correlation for scroll compressor suggested by Navarro et al. (2012)
calculates the temperature of oil from measuring temperature as shown in Eq.

(2.19).
Toil = 0.388 Tdischarge + 0.36 Tcomp, inlet + 0.22 Tamb (2-19)

Then, the solubility of the refrigerant can be found from the empirical
correlation proposed by Geller and Lapardin (2016) as Eq. (2.20). Where the
coefficients a;; are given value for the combination of refrigerant and

lubricant.

2
P=>" ayTixl, (2.20)

i=0 j=0

From the solubility and the charged amount of lubricant, the dissolved
amount of refrigerant can be obtained.

Finally, charge amount in other components should be calculated, such
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as liquid line, vapor line, and accumulator that do not affects the refrigerant
state, but contain significant amount of refrigerant. In these components
there is no state change of the refrigerant. Thus, the refrigerant in such

charge container is given by Eq. (2.21) or Eq. (2.22).

my =V, (single phase) (2.21)

my = (1= &)Vyup; + eVypy (2-phase) (2.22)
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2.2.4 Cycle modeling and simulating condition

With the component modeling of heat pump system, a detailed cycle
modeling and simulation are possible for charge prediction. Unlikely to
typical heat pump simulation, the driving information is given and then the
charge amount is calculated.

Fig. 2.3 describes the flow chart of the simulation. First, driving
conditions, such as infoutdoor temperature, condensing/evaporating pressure,
compressor inverter speed, etc. are given to modeling. Then, compressor
simulation is possible using the assumed DSH. Through compressor
simulation it is able to calculate the mass flow rate of refrigerant and a state
of discharged refrigerant. Then, calculate the condenser. As described above,
the surface temperature of the condenser tube should be obtained through
trial and error. Once the surface temperature is obtained for each element,
condenser outlet temperature and pressure can be calculated by condenser
simulation. Next, inlet pressure of evaporator is assumed for evaporator
simulation. Only the pressure of evaporator outlet is given, the pressure of
evaporator inlet should be assumed and adjusted by calculation. Similarly to
the condenser, the heat transfer rate of each element in the evaporator must
be calculated through trial and error. Once the heat transfer rate is calculated,
the boiling number, Bo, can be obtained. Using this, the evaporator can be
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simulated and the pressure and temperature of evaporator outlet can be
obtained. When the outlet pressure of the evaporator is different from the
driving conditions, the pressure of the evaporator inlet is adjusted. If the
calculated evaporator outlet pressure and the given outlet pressure of
evaporator are the same, an error of DSH at compressor inlet is checked. If
the calculated temperature of evaporator outlet differs from the assumed
temperature of compressor inlet, the assumed DSH at the compressor inlet is
adjusted.

When all the calculated values converge to the given value through the
above process, the cycle simulation is completed. The total charge amount in
the system can then be estimated.

Simulation conditions were set the same to experimental conditions.
Simulation condition for cooling mode is shown in Table 2.1 and Simulation

condition for heating mode is shown in Table 2.2.
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Input driving condition (in/outdoor temperature,
condensing/evaporating pressure, etc.)

Assume DSH at the compressor inlet L
|

| Calculate the compressor |

Assume T, at each element of condenser

!

| cCalculate the condenser |

/ Assume P...in /

Assume (" at each element of evaporator

| Calculate the evaporator |

| Calculate other components and lubricant |
|

| Calculate the charge amount |

Fig. 2.3 Flow chart of the heat pump simulation
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Table 2.1 Driving condition for cooling mode operation

Variables Values
Refrigerant R410A
Number of indoor units 2
Driving mode Cooling
Charge amount (kg) 6~11 (A=1 kg)
Target DSH (K) 5,10, 15
Air temperature condition Rating Low Temp. Max load Condensate
Indoor dry bulb temp. (°C) 26.7 19.4 26.7 26.7
Indoor wet bulb temp. (°C) 19.4 13.9 19.4 23.9
Outdoor dry bulb temp. (°C) 35.0 19.4 46.1 26.7
Outdoor wet bulb temp. (°C) 23.9 13.9 23.9 23.9
Compressor inverter speed (Hz) 60, 100 60 60, 100 60, 100
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Table 2.2 Driving condition for heating mode operation

Variables Values
Refrigerant R410A
Number of indoor units 2
Driving mode Heating
Charge amount (kg) 4~8 (A=0.5 kg)
Target DSH (K) 5,10

. . . Maximum
Air temperature condition High Temp Low Temp.
Temp

Indoor dry bulb temp. (°C) 21.1 21.1 26.7
Indoor wet bulb temp. (°C) 15.6 15.6 -
Outdoor dry bulb temp. (°C) 8.3 -8.3 23.9
Outdoor wet bulb temp. (°C) 6.1 -9.4 18.3
Compressor inverter speed (Hz) 60 60 30
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2.3 Simulation results

2.3.1 Charge prediction using heat pump simulation

Heat pump model simulation was performed under the same conditions
to experiments. Through this, it was possible to predict the amount of
refrigerant in the system according to the operating conditions. Fig. 2.4
shows the charge prediction results through simulation during the cooling
mode operation. As can be seen, the accuracy of the prediction is very high.
The root mean square error (RMS error) is 4.95% and the absolute average
deviation (AAD) is 4.32%, which is very low. This proves that the charge
amount can be accurately predicted using only sensor information under
various operating conditions using heat pump simulation. Fig. 2.5 shows the
charge predictions for heating mode operation. Similarly, the accuracy of
charge amount prediction is very high, with RMS error 6.26% and AAD
5.62%.

This heat pump simulation takes into account complex system
configuration and geometry, and at the same time includes many empirical
coefficients. Thus, the simulation method cannot be applied to various heat

pump systems universally. Nevertheless, the accuracy of refrigerant charge
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prediction is very high and provides much information that the generalized
charge prediction equation does not provide. In other words, when a variety
of information, such as charge amount, refrigerant amount distribution or
heat pump performance prediction in extreme undercharge case, is needed,

charge prediction through heat pump simulation has an advantage.
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2.3.2 Refrigerant charge distribution

Heat pump simulation provides a number of other information in
addition to quantitative prediction of charge amount. In this part, the
distribution of refrigerant in the heat pump system was analyzed for the
development of the generalized charge prediction method in the next chapter.
Fig. 2.6 is a diagram showing a refrigerant distribution of cooling mode
operation under rating condition. As can be seen, the most refrigerant is
present in the condenser. In addition, except the severely undercharge case,
more than 90% of the charge amount change occurs in the condenser.
Considering that the charge prediction error of the detailed simulation is
5.6%, the error of the charge prediction method may allow around 5~10%.
Therefore, if the amount of refrigerant in the condenser can be accurately

predicted, the accuracy of the charge amount prediction can be guaranteed.
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2.4 Summary

There are many ways to predict the amount of charge in a heat pump
system. However, in order to reduce the cost of charge prediction and
improve the accuracy, it is necessary to propose a method based on a
physical model. The first physics-based prediction method is charge
prediction through heat pump simulation. In this chapter, detailed modeling
of the heat pump system was performed. The modeling target was a
commercial air source heat pump system used in the experiment. First,
component modeling for the compressor, condenser, evaporator, and
expansion valve was performed in detail. In particular, the geometry of the
condenser and evaporator is considered in detail because the geometry of the
heat exchanger can affect the simulation results. In addition, unlike general
heat pump system modeling, the effect of lubricant was considered in this
modeling to accurately estimate the charge amount. Since several empirical
coefficients exist in modeling, these coefficients should be given through
experiments. Finally, the heat pump was simulated using the completed
model. Here, the charge amount is an output value, not an input value, and
through this process, the amount of refrigerant charge according to the
operation information could be predicted.

The predicted refrigerant charge through simulation was compared with
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experimental results. The RMS error of the simulation-based charge
prediction was very high at 4.95% in cooling mode. In the heating mode, the
RMS error was 6.26%.

Simulation based charge prediction method has several advantages.
First, the refrigerant charge amount can be predicted in all charge level. In
addition to the charge amount, various information such as the performance
of the heat pump and the refrigerant distribution can be predicted through the
simulation. In order to develop the generalized charge prediction method in
the next chapter, prediction of the refrigerant distribution was performed. As
a result, most of the refrigerant charge in the heat pump is present in the
condenser. In addition, more than 90% change in refrigerant charge occurs in
the condenser. Therefore, it was found that even if only the charge amount in
the condenser is accurately predicted, the total refrigerant charge amount can

be accurately predicted.
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Chapter 3. Generalized charge prediction method

for air source heat pump systems

3.1 Introduction

In the previous chapter, heat pump simulations accurately
predicted refrigerant charge. However, the geometry and configuration
of the heat pump system is so complex that much validation data is
still needed for high accuracy. Also, because complex systems were
described in detail, one model cannot be generally applied to other
systems.

In order to develop a charge prediction equation applicable to
various heat pump systems, the amount of refrigerant must be
estimated from general phenomena in all systems. Therefore, in this
chapter, the heat pump system is simplified and theoretically analyzed.
This chapter presents a generalized charge prediction equation.
Experiments with commercial heat pump system were performed to
verify the charge prediction equation. Both cooling mode and heating
mode experiments were performed with various operating conditions.

Various assumptions have to be made in order to perform
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theoretical analysis of the system, which become the constraints of
applying the charge prediction equation. Therefore, various extended
charge prediction equation may exist to overcome this limitation. In
this chapter, a charge prediction method while transient driving, and a
charge prediction method with extremely limited number of sensors

are presented and verified experimentally.
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3.2 Development of charge prediction equation

In The amount of refrigerant charge in the system should be
predicted only with sensor information during system operation.
However, the amount of refrigerant that does not circulate the system,
generally the refrigerant stored in the receiver or accumulator, does
not affect the sensor information at all. In other words, the system
operation information is completely identical when the receiver is
filled with liquid refrigerant or completely empty although the charge
amount in the system is significantly different. Therefore, it is
impossible to predict the charge amount in the refrigerant charge
buffer, such as the receiver or the accumulator, by using operation
information. Therefore, in this study, it is assumed that no refrigerant
is contained in the charge buffer in order to minimize the influence of
the receiver or the accumulator, which is an acceptable assumption if
the system has been operating for a while.

Also, some refrigerant is dissolved in compressor lubricant.
Nevertheless, the temperature inside the compressor is always higher
than other components of the system. Since the solubility of the
refrigerant is low as the oil temperature is high, it can be assumed that
the amount of refrigerant dissolved in the compressor oil is relatively
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small and constant.

Except for the charge buffer and compressor oil, the refrigerant in
the system exists in four parts; condenser, evaporator, liquid line and
vapor line connecting the indoor unit and the outdoor unit. Here, the
refrigerant is in a low-pressure state until it is compressed in the
compressor after passing through the expansion valve, and is in a
high-pressure state after being compressed in the compressor until
passing through the expansion valve. A section where the refrigerant is
in a high pressure state is called a high pressure section, and a section
where a refrigerant is in a low pressure state is called a low pressure
section. In other words, the condenser and the liquid line belong to the
high pressure section while the evaporator and the vapor line belong
to the low pressure section.

The refrigerant passing through the expansion valve flows into
the low pressure section in a two-phase state. The refrigerant receives
heat from the evaporator and completely evaporates, and flows into
the compressor through the vapor line. That is to say, there is no
section in which the refrigerant exists in the liquid state in the low
pressure section, and only the two-phase section and the superheated

vapor section exist. On the other hand, in the case of the high pressure
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section, the superheated refrigerant discharged from the compressor
flows into the condenser and becomes liquid state. This liquid
refrigerant goes to the expansion valve, the inlet of the low pressure
section, through liquid line without heat exchange. Therefore, a
considerable amount of liquid refrigerant exists in the liquid line and
the condenser. Fig. 3.1 shows the distribution of liquid refrigerant in
the heat pump system. As can be seen in the figure, most of the liquid
refrigerant is in the liquid line and the condenser, that is, the high
pressure section.

Since the density difference between the liquid refrigerant and the
vapor refrigerant is very large, in general cases, 100 times or more,
most of the refrigerant exists in a liquid state in terms of the mass ratio
of total refrigerant. Therefore, it is important to estimate the amount of
the liquid refrigerant when predicting the amount of refrigerant charge
in the entire system. As described previously, since most of the liquid
refrigerant exists in the high pressure section, it is most important to
predict the variation in the refrigerant amount in the high pressure
section in estimating the total refrigerant amount. As shown in
previous chapter, refrigerant charge changes in the condenser and the

liquid pipe has a dominant effect on the total refrigerant charge change
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in the system. The low pressure side contains less than 30% of the
total charge, and the change is less than 10% of the total charge
change. Therefore, if the amount of refrigerant in the high pressure
side can be accurately predicted, even if the charge amount in the low
pressure side is treated as a constant, the charge amount in the system
can be predicted with high accuracy. This can be expressed by the

following Eq. (3.1).

— ~ *
Miotal = mhps + mlps ~ mhps +C (3-1)

In this study, the charge prediction equation should be suitable
for all air source heat pump systems, thus a complicated modeling that
reflects the characteristics of each system is not appropriate in this
case. Therefore, in order to predict the charge amount in the high
pressure side, the refrigerant status in the condenser is simply
schematized as shown in Fig. 3.2.

If the system is severely undercharged, the refrigerant may not be
fully liquefied in the condenser and may exit the condenser in a two-
phase state. However, in this case, the undercharged state can be easily

diagnosed by measuring DSC. Therefore, excessive undercharge case
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was not considered in this paper. In general, the liquid pipe is fully
filled with the liquid refrigerant because the refrigerant is completely
liquefied in the condenser. At this time, the amount of refrigerant in
the liquid pipe is a product of the volume of the liquid pipe and the

liquid refrigerant density as shown in the Eq. (3.2).

my = Vypy (3.2)

Vi, the volume of the liquid pipe, is constant since it does not
change after installation of the system, and the density of the liquid
refrigerant is also constant regardless of the driving status. Therefore,
the charge amount in the liquid pipe my is constant. The refrigerant
amount of high pressure section is the sum of the amount of
refrigerant in the condenser and the liquid line. Since the charge
amount in the liquid line is constant, the amount of high pressure

section refrigerant can be expressed by the following Eg. (3.3).

Mpps = Meond +my = Meopg + €™ (3.3)

Now, it is required to estimate the charge amount in the
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condenser to predict the charge amount in the system. Since the
density difference between vapor refrigerant and liquid refrigerant is
very large, the amount of refrigerant in the condenser increases as the
amount of liquid refrigerant increases. Therefore, the longer the
section in which the refrigerant exists as a liquid phase in the
condenser, the greater the amount of refrigerant in the condenser. As
shown in Fig. 3.2, when the length of the subcooled region L
becomes longer, the amount of refrigerant in the condenser mMcong
increases. For typical air source heat pump system, the two variables

have a linear relationship with each other as Eq. (3.4).

Meona = kLge + C* (3.4)

In the condenser, the contribution of the vapor refrigerant is
relatively low. Also, many researchers reported that the void fraction
is relatively high even if the quality of the refrigerant is very low.
(Hughmark, 1962; Zivi, 1964) In other words, there is almost no
liquid refrigerant in the two-phase region. Thus, not only the amount
of superheated vapor refrigerant and the two-phase refrigerant is small,

but also the change does not greatly affect the total charge amount. As
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a result, if the length of the subcooled region can be predicted, the
amount of refrigerant in the entire condenser can be obtained through
Eq. (3.4).

However, the length of the subcooled region is related to various
operating parameters such as refrigerant flow rate, refrigerant pressure,
and air temperature. Therefore, it is not easy to predict it generally
without using the empirical formula.

In this paper, instead of directly calculating the length of the
subcooled region, a new variable called the length of the 2-phase
region and the superheated region is introduced. As can be seen in Fig.
3.2, the condenser can be divided into three sections; superheated
region, two-phase region, and subcooled region. The length of the
subcooled region is the remaining length excluding the length of the
superheated region Ly and the length of the two-phase Ly, region in

the length of the whole condenser L¢ong as shown in Eqg. (3.5).

Lsc = Leona — Lsn—Lyp (3.5

Here, Lcong IS constant, since it is a fixed value for each system.

Therefore, Ls, and Ly, should be predicted to estimate the length of the
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subcooled region.

In contrast to the difficulty of directly predicting the length of the
subcooled region, the length of the two-phase region can be predicted
accurately through the analysis of the heat exchange process in the
condenser. First of all, to analyze the heat transfer process in the two-
phase region, the two-phase region is divided into N small sections as
shown in Fig. 3.3.

The quantity of heat transferred to the air from the refrigerant in
each section is a value obtained by multiplying the heat flow rate per
length Q'x by the length of the section I. As shown in Eg. (3.6), the
enthalpy change of refrigerant in each section should be the quantity

of transferred heat divided by the mass flow rate m of the refrigerant.

Q'x!

m

(3.6)

Aty = ljyq — i =

The sum of the enthalpy change of the refrigerant of each section is
the enthalpy change from the inlet to the outlet of the two-phase
region. Since the refrigerant at the inlet of this region is a saturated
vapor state and the refrigerant at the outlet is a saturated liquid state,

the enthalpy change from the inlet to the outlet is equal to the latent
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Fig. 3.3 2-phase refrigerant flow in a condenser
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heat of the refrigerant. By this reason, the total enthalpy change in the

two-phase region can be expressed as Eq. (3.7).

hg = ) Bix =) Q;;L‘l (3.7)

The transferred heat quantity Qx for each section is a value
obtained by multiplying the heat flow rate per unit length Q'x by the
length of the section I. Since Qx can be expressed by Eg. (3.8), which
is the basic heat transfer equation, the heat flux per length can be

expressed as Eq. (3.9).

Q’kl = UkAkATk (39)

Since the two-phase region is the phase change region, the
temperature of the refrigerant in the tube does not change. In addition,
the temperature of the inlet air is assumed uniform throughout the heat
exchanger. Therefore, Ty is constant as the difference between the
condensation temperature of refrigerant and the air inlet temperature

as shown in Eq. (3.10).
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ATy = Tsat — Tair intet = ATcona = constant (3.10)

In addition, since the heat transfer coefficient of the refrigerant
during phase charge is much larger than the heat transfer coefficient of
air. In other words, the heat transfer coefficient of the air has a
dominant influence on the overall heat transfer coefficient.
Additionally, the variation of heat transfer coefficient of air is very
small under normal operating conditions. (Wang et al., 2000)
Therefore, UyairAc can be expressed by Eq. (3.11), where the heat

exchange area A is proportional to the length of the section I.

UrAk = Uy qirAkair = k71 (3.11)

As a result, the heat transfer coefficient for each section is a

function of T.ong Only as shown in Eq. (3.12).

Q’kl = UkAkATk = k*lATCOTld (312)

From Eqns. (3.7) and (3.12), the following Eq. (3.13) can be

derived. In this equation, the total sum of each section, NI, is equal to
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the length of the 2-phase region Ly, and Ly, can be expressed as EQ.

(3.14).

. Q’kl k*ATcond k*ATcond
hfg:zm":z — = - NI = - Lep (3.13)

_hgg oM

Ly, =— 3.14
P k* ATcond ( )

Next, the length of the superheated region should be predicted. Unlike
the 2-phase section, the heat transfer coefficient of the refrigerant must
be considered in the superheated region. However, it is very difficult
to accurately obtain the heat transfer coefficient of the refrigerant. In
other words, if the superheated region is treated excessively in detail,
it requires too much additional sensor information and computation. In
addition, the superheated region is generally very short compared to
the 2-phase region. Therefore, it is appropriate to predict the length of
the superheated region relatively simply. This does not significantly
reduce the accuracy of the prediction. The length of superheated
region can be predicted by analyzing the temperature distribution in
the superheated region. Fig. 3.4 shows the temperature distribution of

the superheat region of the condenser. Since the specific heat of the
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refrigerant is almost constant, the amount of heat transferred in the
superheated region is proportional to the DSH at the compressor

discharge as shown in Eq. (3.15).

L, o Ai < DSHgjs (3.15)

On the other hand, the larger the temperature difference between
the air and the refrigerant, the faster the heat exchange occurs, thereby
reducing the length of the superheated region. That is, the average
temperature difference between the inlet of the superheated region and
outdoor air and between the outlet of the superheated region and
outdoor air is inversely proportional to the length of the superheated

region as shown in Eq. (3.16).

1
«
Sh (ATdis + ATcond)/2

L (3.16)

As a result, the length of the superheated region can be expressed
as Eq. (3.17). Here, Ty is the temperature difference between the
refrigerant at compressor discharge and the condenser air inlet, and

DSHgyis is the difference between the compressor discharge
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temperature and the condensation temperature.

L. = k* _ DSHaus (3.17)
St ATdis + ATcond .

The final equation for estimating the refrigerant charge is
obtained here by summarizing the above equations as shown in Eq.

(3.18).

K DSH ;i
g ATcond 2 ATdis + ATcond

m = —Kyhy +C (3.18)

In Eq. (3.18), there are two proportional constants K; and K, and
one constant C in the refrigerant charge prediction equation. All of
these values are specific values for each system. These can be
obtained through a performance experiments. Since there are three
unknowns, at least three experimental data are required to assign the
value of them. However, in order to guarantee the higher reliability, it
is appropriate to derive the coefficients through at least nine
experimental data performed under the three different temperature

conditions and three different charge amounts.
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Once the coefficients K; and K, and C are obtained through
experiments, the charge amount in the system can be predicted
regardless of the operating condition and the system control.

The information required to use this equation is the mass flow
rate, the condensing pressure (or temperature), the compressor
discharge temperature of the refrigerant, and the inlet temperature of
the air at the condenser. In general, compressors information such as
isentropic or volumetric efficiency is given as a pre-obtained value
from the compressor manufacturer. Therefore, the mass flow rate of
the refrigerant can be calculated through the inlet condition of the
refrigerant. Therefore, to apply the charge prediction equation, at least
4 sensors are required which are condensing and evaporating pressure
(or temperature) sensors, compressor suction or discharge temperature
sensors, and the condenser inlet air temperature sensor. In addition,
condenser outlet temperature sensor is needed to confirm the existence
of DSC in order to guarantee whether the assumptions of the charge
prediction equation are satisfied. Operating information, including
sensor information, required for the charge prediction equation, is
summarized in Table 3.1. Typical air source heat pump system is

equipped with various sensors including the aforementioned sensors,
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for controlling the system. Therefore, the charge prediction equation
proposed in this study can be applied to general air source heat pump

systems.
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Table 3.1 Required driving information and sensors or alternative sensor

Required driving information

Sensors

Alternatives

Mass flow rate of refrigerant

Condensing pressure

Condenser inlet air temperature

Compressor discharge temperature

Mass flow meter

Pressure sensor at
condenser
Temperature sensor at
condenser outside
Temperature sensor at
compressor outlet

Pressure sensor and temperature
sensor at compressor inlet
Temperature sensor at condenser
mid point
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3.3 Experimental verification of charge prediction

equation

3.3.1 Experimental setup and procedure

An experiment was conducted to verify the accuracy of the
charge prediction equation. A commercial heat pump system with
nominal capacity of 30 kW which is shown in the Fig. 3.5 was used
for the experiments. Fig. 3.6 shows a schematic diagram of the
experimental facilities. The system is installed in an environmental
chamber that can control the air temperature and humidity of the
indoor chamber and outdoor chamber separately. The heat pump is
composed of two identical indoor units and one outdoor unit. Since
the geometry and operating conditions of two indoor units are exactly
the same, they can be treated as one large indoor unit.

The compressor is located in the outdoor unit. Using the scroll type
inverter compressor, the rotational speed of the compressor is
controlled. Electronic expansion valves are installed in both indoor
units and outdoor unit. EEVs of indoor units activate during cooling

mode operation, and EEV of outdoor unit operates during heating
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Fig. 3.5 Commercial heat pump

(left - indoor unit / right - outdoor unit)

71

LG



< Outdoor >

< Indoor >

Thermistor (installed in the system)

PR
o i Tps ¢ Tus |
> ¢E'\'aporator ¢
é ) )
Condenser C y y
@ Oil[seperator EEV
(- -
i Tos ,I" ______________
Accmn]-llatorComprcss.crr | Ty _i' ----------
P i Nozzle
p— \_AP
! Tpg j RTD (Dry bulb temperature) N '----m
:{-"I“:‘;-.] RTD (Wet bulb temperature) sizire Wind
{ AP | Pressure difference transducer tunnel
@ Mass flow meter
G Pressure transducer (installed in the system)
o Exhaust fan

Fig. 3.6 Schematic diagram of experiment setup (commercial heat pump)
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mode operation. In each case, unused EEVs were kept fully open. In
order to measure the state of refrigerant and air during system
operation, a number of temperature, pressure sensors and mass flow
meter are installed. In addition, a wind tunnel and nozzles are installed
in the indoor chamber to accurately measure the cooling (or heating)
capacity of the system. Based on ANSI / AMCA 210 (2007), indoor
unit capacity was calculated through air temperature, humidity and
flow rate information.

Detailed experimental conditions for cooling operation and
heating mode operation are shown in the Table 2.1 and 2.2,
respectively. According to ANSI / AHRI Standard 1230 (2010), four
temperature conditions for cooling mode and three temperature
conditions for heating mode were selected. Prior to the experiment, a
reference case experiment was conducted to find the optimum
refrigerant charge of the system. The experimental range of refrigerant
charge condition was selected approximately from 70% to 120% of

the optimum charge amount.
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3.3.2 Data reduction and uncertainty analysis

The optimum charge amount of the system was determined
through reference case experiment. Here, the optimum charge amount
is defined as a point at which the COP reaches its maximum. The
cooling (or heating) capacity and the COP are calculated from the

following Eqgns. (3.19) and (3.20).

Qair = pairVair (iair,inlet - iair,outlet) (3-13)

COP = Q, /W (3.14)

The uncertainty of measurement data is shown in Table 3.2. The

total error of cooling (or heating) capacity is 5.2% and the total error

of COP is 5.2% on 95% confidence level.
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Table 3.2 Uncertainty analysis at reference condition (commercial heat pump)

Variables Fixed error Random error Total error
Pressure at condenser 0.6% 0.4% 0.8%
Pressure at evaporator 1.7% 0.3% 1.7%
Dry bulb air inlet temperature 0.20K 0.03K 021K
Wet bulb air inlet temperature 0.19K 0.10K 021K
Dry bulb air outlet temperature 0.18 K 0.04 K 0.19K
Dry bulb air outlet temperature 0.18 K 0.06 K 0.19K
Thermistor 0.70K 0.26 K 0.75K
Mass flow rate (refrigerant) 0.2% 0.9% 0.9%
Mass flow rate (air) 3.0% 0.5% 3.1%
Power consumption 0.4% 0.3% 0.5%
Cooling capacity 5.2% 1.8% 5.5%
COP 5.2% 1.8% 5.5%
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3.3.3 Verification of charge prediction equation

The relation between the DSC and the refrigerant charge amount

and the relation between h,m/AT.,,, and the charge amount are
compared using the experimental results. The results are shown in
Figs. 3.7 and 3.8. As the figure shows, the DSC has a positive
correlation with the charge amount, but the variation of DSC is very
large even under the same charge condition. This is because the DSC
varies not only with the charge amount but also with the other
operating conditions and the control. On the other hand, hsym/AT nq
has a very linear relationship with the refrigerant charge amount as
expected in Eqgns. (3.14) and (3.18). Since this linear relationship is
maintained regardless of control or operating conditions, it is
appropriate to use this variable for estimating the refrigerant amount
in the system.
Figs 3.9 and 3.10 represent the variation of DSC and hg,1/AT,ong
with change in compressor inverter speed at the reference case
experiment, respectively. Comparing Figs. 3.7~3.10, the difference
between h,ri/AT,qnq and other variables can be found. According to
Fig. 3.9, as the compressor inverter speed increases, the mass flow
rate of the refrigerant increases, thereby the DSC decreases. Also, as
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shown in Fig. 3.7, when the charge amount decreases, the DSC
decreases as the length of the subcooled region in the condenser
shorten. As a result, it is hard to distinguish whether the variation of
DSC is due to operating condition transition or refrigerant amount
change. On the other hand, as shown in Figs. 3.8 and 3.10, hym/
AT,.nq 1S Sensitive to refrigerant charge change, but does not respond
to operating condition transition. In addition, very similar tendency
were observed in the other experimental conditions. Therefore, it can
be said that heym/AT,.nq Can distinguish operating condition
transition and charge amount variation. Consequently, for this reason,
hegm/ATc,nq IS @ more appropriate variable for predicting the charged
amount than others.

The accuracy of presented refrigerant charge amount prediction
equation was verified by experimental data. First, the coefficients Ky,
K, and C in the prediction equation should be obtained from the
experimental data. During training and validation of the equation,
experimental data with zero or very low DSC were excluded from the
verification process, since the liquid line was previously assumed to
be filled with liquid refrigerant. Randomly extracted 10 or 20 data sets

in the cooling mode were used as a training set to obtain the
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coefficients of prediction equation. The training of the equation was
performed 9 times with different training sets and the results are
shown in Fig. 3.11. As can be seen in the figure, even though the
number of training data is very small compared to the total data, the
training result is similar to the training result using the whole data.
This suggests that the proposed charge prediction equation can predict
the refrigerant charge even if only a small number of training data are
given.

By substituting the coefficients into the charge prediction
equation, Eqg. (3.18), it is possible to predict the refrigerant amount
with driving sensor information under the corresponding operating
conditions. The figures comparing charge prediction results with
actual charge for cooling and heating mode operation is shown in Figs.
3.12 and 3.13.

Fig. 3.12 displays the verifying result of the charge prediction
equation under cooling mode operation. As figure shows, the accuracy
is very high, where the maximum error of prediction is 9.1%. The root
mean square (RMS) error is 3.7% and the average absolute deviation
(AAD) is 3.0%.

Fig. 3.13 demonstrates the result to verify the charge prediction
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equation under the heating mode operation. Even in the heating mode,
the RMS error of the predicted refrigerant amount is 8.2% and the
AAD is 6.6%. The maximum error of prediction is 14.3%, which
indicates that the overall accuracy of the charge prediction equation is
quite acceptable. However, the prediction error was slightly higher
than that of the cooling operation, because the outdoor unit of heat
pump was relatively large compared to the indoor unit. Therefore, the
refrigerant variation of the evaporator of the heating operation has a

greater effect than that of the cooling operation.
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3.4 Charge prediction while continuous driving

3.4.1 Charge prediction using field test data

As demonstrated in the previous part, the charge prediction
equation can accurately predict the amount of refrigerant charge in an
air source heat pump system under various operating conditions.
However, because there are various assumptions in the derivation of
the prediction equation, there is a limit to the application range of the
charge prediction equation. The steady-state of the system was
assumed for charge prediction equation. Thus, the charge prediction
equation is reliable only for steady-state driving. However, most of the
operating conditions are transient state for common commercial and
residential heat pump systems. Therefore, the accuracy of the charge
prediction equation cannot be guaranteed in most situations.

About 5 month field test results of continuous heating mode
driving of commercial heat pump system were given by heat pump
manufacturer. (LG electronics) First of all, the charge prediction
equation was trained by extracting data that satisfy the assumption of

the charge prediction equation. (fixed fan speed, compressor operating,
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and steady-state) Fig. 3.14 shows the prediction result of refrigerant
charge using the trained equation. As can be seen, the predicted
refrigerant charge fluctuates very significantly and the accuracy of
charge prediction is poor. Fig. 3.15 shows the fan speed and
compressor inverter frequency of the heat pump for the same period.
As shown in the figure, the heat pump system responds to changing
load by repeating on / off or changing compressor rotational speed and
fan speed according to the change of operating conditions. This causes
the heat pump to be in a transient state in most cases, thus reducing
the accuracy of the charge prediction equation. Fortunately, charge
prediction does not have to be done constantly. Since the maintenance
or control cycle of the refrigerant charge is long, it is sufficient to be
able to estimate the refrigerant amount periodically. Reliable
prediction of charge amount is much more important than continuous
prediction of charge amount. Therefore, during continuous charge
prediction, it is necessary to determine which values are reliable and

which values are not reliable.
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3.4.2 Criteria of reliable state

The error in charge prediction arises from an error of assumption.
In other words, if all of the above-described assumptions are satisfied,
the accuracy of the charge prediction equation can be guaranteed.
Therefore, the criteria for charge prediction during continuous

operation can be suggested as follows.

1. Compressor operating
2. Fixed fan speed

3. Stable (or quasi steady)

First, the compressor must be operating. If the compressor is
turned off, the mass flow rate of refrigerant which is the denominator
in the charge prediction equation becomes zero, in which case the
amount of charge cannot be predicted.

Second, the fan speed of heat exchangers (evaporator, condenser)
must be fixed at a certain value. In most cases, the fan speed of
outdoor unit is fixed close to the maximum value, so it is important
that the fan speed of the indoor unit is fixed. Here, if a specific fan
speed is selected, the charge prediction equation should be trained
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using the data having the selected fan speed, and at the same time, the
charge amount can be predicted only when the fan speed is selected
value. If prediction of charge at different fan speeds is desired, new
coefficients of the charge prediction equations should be obtained
using the experimental results with the corresponding fan speeds.

Finally, the system should be stable. As mentioned earlier, the
outdoor temperature is out of control, so a complete steady-state does
not exist in real situation. Nevertheless, the accuracy of the charge
prediction equation can be guaranteed for slow changes, i.e.,
conditions that can be considered quasi-steady. However, it is difficult
to expect the accuracy of the charge prediction equation when there is
a sudden change in system control such as a change in compressor
speed or a change in EEV opening. So, the system is required to be
stable for a reliable prediction of charge amount.

In order to verify the accuracy of charge prediction equation with
a criterion, three different criteria are presented as shown in Table 3.3.
There are many ways to determine the stability of the system, but this

study used the stability of the predicted charge amount.
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Table 3.3 Criteria for reliable points

Criterion Compressor Outdoor fan Stable time Stable range

Criterion 1 Operating Fan speed 3 Stable for 30 min Maximum error 2.5%
Criterion 2 Operating Fan speed 3 Stable for 30 min Maximum error 5.0%
Criterion 3 Operating Fan speed 3 Stable for 10 min Maximum error 5.0%
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3.4.3 Prediction result with criteria

Fig. 3.16 shows the charge prediction result include accuracy
determination. As can be seen from the figure, it can be seen that the
presented criteria accurately selects the reliable points. However, the
refrigerant charge is no longer continuously predicted, and the charge
amount is predicted only in a specific situation. Nevertheless, as
shown in Fig. 3.16 (a), there were 6,000 reliable points, about 1/10 of
60,000 points. That is to say, the refrigerant charge can be predicted at
least once every 10 minutes on average. In this case, the RMS error
and AAD of reliable points were 6.49% and 4.28% respectively. A
criterion 2 is a milder condition than criterion 1. The results using
criterion 2 are shown in Fig. 3.16 (b). In this case, the number of
points satisfying the criterion was 26,000, which is highly increased
from case 1, and the RMS error was 6.11% and ADD was 4.37%. In
this case, the refrigerant charge is detected about once every two
minutes. Finally, Fig. 3.16 (c) shows the case using criterion 3.
Criterion 3 is the mildest condition and attempts to predict the amount
of refrigerant even if it remains stable for only 10 minutes. In this case,

the number of reliable points was 32,000, slightly higher than criterion
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2, but the RMS error and ADD increased to 7.00% and 4.99%,
respectively.

In conclusion, the accuracy of the charge prediction equation can
be guaranteed using criteria to determine the reliable state during
continuous driving. In this case, the harsher the criterion, the higher
the accuracy of the prediction but the lower the continuity of the

prediction.
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3.5 Charge prediction with extremely limited number of

Sensors

3.5.1 Charge prediction of residential heat pump system

The charge prediction equation uses various sensors. Large heat
pump systems such as commercial heat pumps have most of the
sensors used in the prediction equation. However, not all heat pumps
have this sensor installed. Extremely limited sensors are installed in
residential heat pump system, which is much smaller system
compared to commercial system, due to cost reduction. The residential
heat pump system targeted in this study is equipped with only five
temperature sensors and control sensors as shown in Table 3.4.

As mentioned above, in order to apply the charge prediction equation,
condensing and evaporating pressure (or temperature) Sensors,
compressor suction or discharge temperature sensors, and the
condenser inlet air temperature sensor are required. Residential heat
pump systems do not have all these sensors, but fortunately there are
alternatives. The cost of the pressure sensor is high, so the condensing

and evaporating pressure sensors are not installed in a residential heat
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Table 3.4 Installed sensors in residential heat pump system

Temperature sensors Other information
Indoor air inlet Compressor speed
Outdoor air inlet Fan speed
Evaporator midpoint Voltage
Condenser midpoint Current
Compressor discharge Power consumption
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pump system. Instead, a residential heat pump is equipped with a
temperature sensor at the mid-point of the condenser and evaporator.
In most cases, at the mid-point of the condenser and evaporator, the
refrigerant is in a 2-phase state, so the condensing temperature and
evaporating temperature can be obtained from the temperature sensor,
and the condensing pressure and evaporating pressure can be
calculated. In addition, assuming polytropic compression, the
compressor suction temperature can be calculated from the
compressor discharge temperature. Then, the flow rate of the
refrigerant can be calculated using the same method as the commercial
heat pump. Through this process, all the operating information
required for the charge prediction equation can be obtained. In this
way, the charge prediction equation can be applied to the system with
extremely limited number of sensors which only has the sensors for
control.

Fig. 3.17 shows the result of estimating the amount of refrigerant
using only limited number of sensors. As shown, the prediction
accuracy is very high in most areas. However, there is an area where
the refrigerant amount prediction error is greatly high. This is a severe

undercharged case where DSC no longer exists. Since the existence of
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DSC is assumed during the derivation of the charge prediction
equation, the accuracy of the charge prediction equation can only be
guaranteed if these assumptions are satisfied. In a commercial heat
pump system, a temperature sensor is installed at the condenser outlet
to measure the DSC. However, the residential heat pump system does
not measure DSC. Thus, although the charge prediction equation can
be applied, it cannot guarantee the accuracy of the charge prediction
equation. To ensure the accuracy of the charge prediction equation in
residential heat pumps, severe undercharged cases should be
distinguished by other method than the presence of DSC. Therefore,
the undercharged region has to be distinguished by applying a leakage
detection method of a refrigerant in a heat pump system having an
extremely limited sensor. Refrigerant leakage detection method
detects refrigerant charge level of less than about 60~70%, so if such
refrigerant leaks are detected, it is obvious that additional refrigerant
must be added. Therefore, if the sensor is extremely limited, it is
appropriate to add a refrigerant when a refrigerant leak is detected,
and otherwise optimally adjust the charge by predicting the refrigerant

charge quantitatively.
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3.5.2 Leakage detection method

In order to determine whether the results of the charge prediction
equation are reliable, the presence of DSC should be known. However,
DSC is not known if the sensor is extremely limited. The absence of
DSC and the leaked condition is almost similar case. Therefore, the
leakage detection method should be used to determine whether the
current charge is within range of 70 to 120% to guarantee the accuracy
of charge prediction equation.

As mentioned in the introduction, various refrigerant leakage
detection methods exist. Any leakage detection method that can detect
30% leakage is applicable. In this study, the leak detection method
suggested by Yoo et al. (2017) was applied. The leakage detection
method uses only two temperature sensors (evaporator midpoint and
evaporator inlet air), making it easy to apply to residential heat pumps.
The principle of the leakage detection method is shown in Fig. 3.18.
The figure shows temperature distribution at evaporator. As can be
seen, under normal conditions, the refrigerant at the mid-point of the
evaporator is in 2-phase. Therefore, in general, the temperature
difference between the air and the refrigerant is maintained at 10 C or
more. However, when the refrigerant leaks more than 30%
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(leaked condition), the refrigerant is vaporized too quickly, and the
refrigerant is no longer present in the 2-phase state at the evaporator
mid-point. In this case, the DSH rises and the refrigerant temperature
at the evaporator mid-point quickly approaches the air inlet
temperature.

This method detects the leakage when the temperature difference
between the refrigerant and air at the evaporator mid-point goes below
a certain level. At this time, it is important to determine the criteria
temperature for determining the refrigerant leakage. The higher the
criteria temperature, the faster the refrigerant leak is detected, but the
higher the rate of misdiagnosis of leakage. Therefore, in this study, the
criteria temperature was selected as 5K to minimize the error rate.

Finally, for charge prediction with extremely limited number of
sensors, first, the refrigerant leakage determined based on the
difference between the evaporator mid-point temperature and the
evaporator inlet air temperature.

If the charge level is determined to be at the proper level (70% or
more), the charge prediction equation is applied to calculate he

amount of refrigerant charge in the system.
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3.5.3 Experimental setup and procedure

A residential heat pump experiment was conducted to verify the
accuracy of the charge amount prediction method with limited number
of sensors. Fig. 3.19 shows a targeted residential heat pump with
nominal capacity of 3 kW used in the experiments. A schematic
diagram of the experimental facilities is shown in Fig. 3.20. As same
in the previous experiments, the heat pump system is installed in an
environmental chamber. The compressor and EEV located in the
outdoor unit. The compressor rotational speed can be controlled by
inverter and the EEV controls the evaporating pressure for both
cooling and heating mode operation. A number of temperature,
pressure sensors and mass flow meter are installed as shown in Fig.
3.20. In addition, a wind tunnel and nozzles are installed in the indoor
chamber to accurately measure the cooling (or heating) capacity of the
system. Based on ANSI/ AMCA 210 (2007), indoor unit capacity was
calculated through air temperature, humidity and flow rate
information.

Table 3.5 describes detailed experimental conditions. Prior to the
experiment, a reference case experiment was conducted to find the
optimal refrigerant charge of the system. The experimental range of
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refrigerant charge condition was selected approximately from 60% to

120% of the optimal charge amount.
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Fig. 3.19 Residential heat pump

(upper - outdoor unit / lower - indoor unit)
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Table 3.5 Experimental condition for residential heat pump system

Variables Values
Refrigerant R410A
Number of indoor units 2
Driving mode Cooling

Charge amount (g)

Target DSH (K)

Air temperature condition
Indoor dry bulb temp. (°C)
Indoor wet bulb temp. (°C)
Outdoor dry bulb temp. (°C)
Outdoor wet bulb temp. (°C)
Compressor inverter speed (Hz)

400~1200 (A=100 g)

5
Rating Maximum Minimum
27.0 32.0 21.0
19.5 23.0 15.0
35.0 43.0 21.0
24.0 26.0 15.0
50 40 50
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3.5.4 Uncertainty analysis

The optimal charge amount of the system was determined
through reference case experiment.
The uncertainty of measurement data is shown in Table 3.6. The total
error of cooling capacity is 6.4% and the total error of COP is 6.5% on

95% confidence level.
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Table 3.6 Uncertainty analysis at reference condition (residential heat pump)

Variables Fixed error Random error Total error
Pressure at condenser 0.6% 0.4% 0.7%
Pressure at evaporator 1.3% 0.3% 1.4%
Dry bulb air inlet temperature 0.20 K 0.02 K 0.20K
Wet bulb air inlet temperature 0.19K 0.06 K 0.20K
Dry bulb air outlet temperature 0.18 K 0.01K 0.18K
Dry bulb air outlet temperature 0.18 K 0.03K 0.18K
Thermistor 0.70K 0.32K 0.76 K
Mass flow rate (refrigerant) 3.1% 0.8% 3.2%
Mass flow rate (air) 4.6% 0.5% 4.6%
Power consumption 0.2% 0.7% 0.7%
Cooling capacity 6.3% 1.2% 6.4%
COP 6.3% 1.6% 6.5%
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3.5.4 Experimental verification

As mentioned above, in order to increase the accuracy of the
charge prediction equation in the residential heat pump system, it is
necessary to exclude the unreliable point through the refrigerant
leakage detection method. In this study, when the difference between
evaporator mid-point temperature and evaporator inlet air temperature
is less than 5K, the amount of refrigerant was determined to be less
than 70% of proper charge.

Fig. 3.21 is the result of charge prediction through this process.
As can be seen from the figure, the accuracy of charge prediction
equation is very high except for the black solid dots. RMS error has
been greatly reduced from 18.6% to 5.16%. If leakage of refrigerant is
detected, it is not possible to quantitatively predict the current charge
amount using charge prediction equation. Nevertheless, it is very clear
that the refrigerant must be recharged in those cases. In conclusion,
the charge prediction equation is reliable even when applied to the

heat pump system with extremely limited number of sensors.
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3.6 Summary

The aim of this study is to propose a method of predicting
refrigerant charge that can be physically explained. The previous
chapter presented the first method, simulation-based charge prediction.
As can be seen from the results, the simulation could accurately
predict the charge amount in the heat pump. However, the heat pump
is very complicated in its configuration and geometry, and there are
coefficients that can only be predicted experimentally. Thus, one
modeling cannot be applied to another heat pump system. Therefore,
charge prediction method is required, which can be used more widely.

In this chapter, a generalized charge prediction equation was
developed. First, as shown in chapter 2, it is important to accurately
predict the charge amount in the condenser to predict the total
refrigerant charge. To predict the amount of refrigerant in the
condenser, the geometry of the condenser was simplified. Using the
heat transfer equations and assumptions, the charge prediction
equation was presented. Since the equation does not reflect the
characteristics of each heat pump, this method can be universally
applied to an air source heat pump.

Commercial heat pump experiments were performed to verify the
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accuracy of the charge prediction equation. In cooling mode, the RMS
error was 3.7%, and in heating mode, RMS error 8.2%, which indicate
high accuracy of the charge prediction equation.

The charge prediction equation is a very accurate and universal
method. However, some assumptions are required to use the charge
prediction equation. If these constraints are not satisfied, the accuracy
of the charge prediction equation cannot be guaranteed. This chapter
presents a method for improving accuracy in continuous driving
conditions and limited sensor information cases where the accuracy of
the charge prediction equation is low.

If the system is in a transient state, or the compressor is not
operating, the accuracy of the charge prediction equation is poor. In
order to improve the accuracy of the charge prediction equation even
in continuous driving conditions, a criterion was proposed that selects
only reliable prediction points. The prediction accuracy of the selected
reliable points using criterion was very high, and the RMS error was
6.11%.

Various sensor information is required to apply the charge
prediction equation. Since the system such as residential heat pump is

small, the number of sensors is extremely limited due to the cost.
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Therefore, it may not provide sufficient sensor information for using
the charge prediction equation. In this chapter, experiments were
conducted to verify the accuracy of the charge prediction equation in
residential heat pumps. The charge prediction equation can also be
used for residential heat pumps, but the prediction accuracy is poor
because the presence of DSC is not certain. Therefore, it is necessary
to first verify that the charge level is 70% or more by using the
leakage detection method. In case of selecting only the points where
the charge level is 70% or more through leakage detection, the
accuracy of the charge prediction equation increases dramatically. In
the results of this study, RMS error was greatly reduced from 18.6% to

5.16%.
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Chapter 4. Optimal charge prediction method for

air source heat pump systems

4.1 Introduction

Using the methods of the previous two chapters, it is possible to
quantitatively estimate the amount of refrigerant. The reason for
predicting the charge amount is to improve the performance of the
heat pump by optimal adjusting of the charge amount. Therefore, after
accurately predicting the charge in the system, the charge should be
optimally adjusted. At this time, refrigerant charge adjustment should
be performed annually, seasonally, or in real time. In order to perform
charge optimization, it is necessary to know the optimal charge of the
heat pump system. Currently, information on the optimal charge
amount is provided by the heat pump manufacturer. The heat pump
manufacturer determines the appropriate charge amount for each
indoor unit and outdoor unit through experiments, and the installer
injects the appropriate amount of refrigerant at the actual installation
place. However, there is a high possibility that the fixed amount of

proper charge provided by the heat pump manufacturer is different
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from the actual optimal charge amount.

First, when installing the heat pump system, a liquid line and a
vapor line connect the indoor unit and the outdoor unit. The length of
the two tubes has a great influence on the refrigerant charge in the heat
pump. Heat pump manufacturers have decided the amount of
refrigerant to add according to the length of these pipes, but it is often
difficult to figure out the exact length of the pipe in actual installation.
In addition, heat pump systems are becoming more and more complex,
and often multiple outdoor units and multiple indoor units are
combined. In this case, the optimal charge of the system is likely to be
different from the proper charge provided by the manufacturer.

Secondly, the optimal charge of the heat pump depends on the
operating conditions. Fig. 4.1 shows the relationship between COP
and charge level at various operating conditions. As can be seen, the
optimal charge amount varies with different indoor/outdoor
temperature conditions. Fig. 4.2 shows the change of COP when the
compressor speed is different. As shown in the figure, the optimal
refrigerant charge varies as the control state changes. In other words,
even in one heat pump system, the optimal charge amount changes

depending on the operating conditions and control. The operating
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conditions of the heat pump vary greatly according to the region or
season. At the same time, the system configuration is very diverse, so
the optimal charge amount of the heat pump system is different from
system to system. Therefore, for optimal control of the charge amount,
it is necessary to predict the optimal charge amount of each heat pump
system. As in the case of predicting the current charge amount, the
optimal charge amount must also be predicted using the sensor
information. It is very difficult to directly predict the system
performance from the charge amount. However, based on the earlier
chapters in this study, the relationship between charge and operating
conditions can be obtained. Therefore, this chapter aims to predict the
performance of the heat pump system from the operating state, and to

convert the operating state to charge amount.
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4.2 Development of optimal charge prediction method

To predict the optimal refrigerant charge, the COP should be
predicted according to the charge amount. In order to predict the COP,
the quantity of heat transferred (Q) and the compressor work (W)
should be estimated individually. In this case, the quantity of heat
transferred means a useful amount of heat that is, cooling capacity (Q.)
for cooling and heating capacity (Qg) for heating. In order to calculate
the exact quantity of heat transferred, it is necessary to measure the
inlet and outlet temperature, humidity, and flow rate of the air at the
heat exchangers and calculate the change in enthalpy of the air.
However, it is very difficult to measure inlet and outlet temperatures
and humidity of air in a real heat pump system. In particular, in the
case of the air outlet temperature, since the area of the heat exchanger
is large, the temperature of the air varies depending on the place it is
measured. Therefore, representative temperature of the air must be
measured, which is very inaccurate.

If the heat delivered to air cannot be calculated directly, the heat
delivered from the refrigerant must be calculated. In this case, there is
a slight error, but since the temperature and pressure sensor are
installed at both the inlet and the outlet of the heat exchangers, the

122



enthalpy change can be calculated. However, the state of the
refrigerant at the inlet of the evaporator is 2-phase, so the temperature
and pressure sensor do not accurately determine the state of the inlet
refrigerant. Therefore, the cooling capacity is difficult to predict only
by the sensor information. However, as shown in Eq. (4.1), the heating
capacity is theoretically the sum of cooling capacity and the

compressor work.

Qu=0Qc+W (4.1)

In addition, since COP is defined as Q/W, the cooling COP and

heating COP has a relation as Eq. (4.2).

Qu Qc+W
COPheating = W = T = COpcooling +1 (42)

In other words, the point where the cooling COP maximized is
the point where the heating COP also maximized. Therefore, even in
the cooling mode, if the optimal point of the heating COP is predicted,
the optimal amount of refrigerant can be predicted. Now, to predict the

heating COP, estimation of the heating capacity and the compressor
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work is required. However, it is very difficult to predict the capacity
and work directly from the charge amount. Therefore, first, COP
according to the operation information (such as temperature, pressure,
etc.) is predicted, and the operation information is converted into the
amount of refrigerant through the charge prediction equation. Through
this process, it is possible to predict the Q, W, and COP according to
the amount of refrigerant, and finally the optimal charge amount can
be predicted.

Fig. 4.3 shows the change of condensing pressure and evaporating
pressure depending on refrigerant charge. (Yoo, 2018) As can be seen
from the figure, evaporating pressure increases with increasing charge,
but is nearly constant at some level. This is because the evaporating
pressure is constantly controlled by the EEV at the proper charge level
(70~120%). In severe undercharged cases below 70% charge level,
refrigerant leaks are easily detected, making it necessary to recharge
the refrigerant. Therefore, the region in which the optimal amount of
refrigerant needs to be predicted is a 70~120% charge level which is a
proper charge level. In this section, the evaporating pressure does not
change but the condensing pressure increases monotonously when the

charge amount changes.
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Therefore, when the heating capacity and the compressor work change
according to the condensing pressure (or temperature) are predicted,
the relationship between the charge amount and the COP can be
predicted.

Since evaporating pressure and DSH are controlled by EEV, the

P-h diagram of the heat pump system when the condensing pressure

changes by 4P.ng can be described as Fig. 4.4.

First, compressor work can be predicted relatively easily.
Compression process can be assumed to be polytropic compression.

Then, the polytropic coefficient n can be found as in Eq. (4.3).

_ In Pl/PZ,i

" In vy /V1 (4.3)

Specific volume of refrigerant at compressor outlet can be

calculated as Eq. (4.4).
P. n
UZ,f = <_1> 121 (44)
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Then, the compressor work becomes Eq. (4.5).

Wy = (ipf — i1) 1h (4.5)

Next, to obtain the quantity of heat transferred at condenser,
condenser was divided into three parts as shown in Fig. 4.5;
superheated region, 2-phase region, and subcooled region. The heating
capacity in the final state is sum of increment of heating capacity and
the initial heating capacity. Also, the increment of heating capacity is
sum of increment of heating capacity in each region. Therefore, the
quantity of heat transferred at condenser of final state can be obtained

as Eq. (4.6).

Qf =Q; +AQ = Q; + AQsp + AQtp + AQsc (4.6)

Since the initial heating capacity is a known value, it is necessary
to predict 4Qsh, AQgp, and AQs, individually.

First, capacity changes in superheated and 2-phase regions are
relatively easy to predict. Assuming that the specific heat of the
refrigerant is constant in the superheated region, the superheated

region capacity is the product of C,, DSH at compressor discharge,
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and mass flow rate of refrigerant. In addition, the 2-phase region

capacity is the product of latent heat and the mass flow rate of

refrigerant. Then, 4Qs, and AQy, can be expressed as Eq. (4.7) and Eq.

(4.8), respectively.

Qsn = me,vaporADSHdis = me,vapor(DSHdis,f - DSHdis,i) (4.7)

AQp = mAhsy = 1 (irg,r — ifg,i) (4.8)

Finally, 4AQy is relatively complex to predict. This is because,

depending on the condensing temperature, Qs initially increases
steeply and then gradually increases. Qs is strongly related to

difference between condensing temperature and air inlet temperature,
which is 4 7ong. Fig. 4.6 shows the Qg according to A4 7¢ong. As shown
in the figure, Qs can be described as a curve with two asymptotes.
Therefore, when the inclinations of each asymptote are obtained, 4Qs.

can be calculated as Eq. (4.9).

DSC ) DSC

A7) @Tconar = ATcona,i 4.9
ATcona *2 ATcond)( cond.f cond,i) 4.9

805 = (1 (1=
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First, in order to obtain the steep slope s;, the case where the
refrigerant at condenser outlet is exactly saturated liquid state must be
considered. In this case, since the DSC is close to zero, it is an
undercharged case. Since difference between condensing temperature
and air inlet temperature is very high in this case, Qs sharply
increases as condensing temperature increases. Here, if the change of
Qsc according to the change of condensing temperature is predicted, s;
also can be obtained.

To predict Q, the refrigerant temperature change in the
condenser is illustrated as shown in Fig. 4.7. As explained in the
previous chapter, the overall heat transfer coefficient of the 2-phase
region is almost constant since it is dependent on the air side heat
transfer coefficient. Therefore, Qy, in the initial state is proportional to
the area shown in Fig. 4.7(a). Likewise, in the final state, DSC is
nearly zero, so the sum of Qy and Qs is proportional to the area

shown in Fig. 4.7(b). It can be expressed by Eq. (4.10), and Eq. (4.11).

Qtp,i = mhfg = UAATcond,i = kLATcond,i (4.10)

Qtp,r + Qsc.r = UAAT cona,r = kLATconar (4.11)
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Here, since the initial and final state is the state where the DSC is
generated, the latent heat in both cases is the same. That is to say, Qi
is equal to Qs Therefore, the previous equation can be substitute as

Eq. (4.12).

mhfg (A Tcond,f - ATcond,i)
ATcond,i

Qser = kL(ATcond,f - ATcond,i) = (4.12)

Since Qs is zero, Qs is equal to 4Qs, then from Eq. (4.13), s;

can be obtained as Eq. (4.14).

he,m
f
AQsc = g (ATcond,f — ATcona,i) (4.13)
ATcond,i
he,m
fg
§1 = 20— (4.14)
! ATcond,i

To find s,, the slope of the second asymptote, overcharged case
should be considered, when the refrigerant temperature at the outlet of
the condenser is very close to the air inlet temperature, as shown in
Fig. 4.8. Assuming that the specific heat of the refrigerant is constant
in the subcooled region, Qs ;and Qg can be expressed as Eq. (4.15),

and Eq. (4.16).
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Qsc,i = me,l(Tcondensing,i - Tcond,out,i) (4-15)

Qsc.f = mcp,l(Tcondensing,f - Tcond,out,f) (4-16)

In this case, since Teond outi IS €qual t0 Teond outs, AQsc becomes Eq.

(4.17), then, s, can be found as Eq. (4.18)

AQg = Qsc,f - Qsc,i = mcp,l(ATcond,f - ATcond,i) (4-17)

s, = MCypy (4.18)

Then, from the Eq. (4.9), Eq. (4.14), and Eq. (4.18), 4Q4 can be

obtained as Eq. (4.19).

tithy DSC _
AQ,. = (1 - ) +1mC,

C
ATeona,r ~ Beonai 4.1
AT ona AT ona ) (ATeona s cond,i) (4.19)

1
ATcond

Through the above process, it is possible to predict the compressor
work, heating capacity, and COP according to the condensing pressure
(or temperature). The charge prediction equation can be used to
convert condensing pressure and other operational information into

charge amount. Then, it is possible to predict the COP according to the

135



charge amount, and to predict optimal charge amount. The method
proposed in this study is to predict work, capacity and COP from the
change of charge amount in heat pump system. Therefore, to apply the
method of this study, all driving sensor information of the operating
system is required. However, this method does not require any pre-
obtained data if only the charge prediction equation is available.
Therefore, it is a method that can be universally applied to air source

heat pump systems.
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4.3 Verification of optimum charge prediction

In order to verify the accuracy of the optimal charge prediction
method, experimental data from the previous commercial heat pump
system experiments was used. The method proposed in this study is to
predict the COP according to the charge amount in the current
operation state. Therefore, even if the external conditions are the same,
the result of the prediction may be changed according to the current
charge amount.

Figs. 4.9~4.11 show the results of the compressor work and heating
capacity prediction according to the various charged conditions
(undercharged (7 kg), proper charge (9 kg), and overcharged (11 kg))
in the rating condition. As shown in the figures, the work and capacity
were predicted very accurately with the condensing pressure at all
states of charge. Here, the operation information including the
condensing pressure can be converted into a charge amount through
the charge prediction equation. The graph predicting the COP
according to the converted charge amount is shown in Figs. 4.12~4.14.
As shown in the figures, the COP according to the charge amount is

predicted accurately in all charged condition.
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In addition, it was possible to predict the optimal charge amount,
which is 8.86 kg at undercharged case (7 kg), 8.85 kg at proper charge
case (9 kg), and 8.56 kg at overcharged case (11 kg), which are very
close to real optimal charge, 8.8 kg. In fact, in all three cases, all
operating conditions are the same except for the current charge, so the
COP prediction results should be the same. However, the proposed
method predicts the change of the heat pump performance from the
change of the charge amount. Therefore, if the initial state (or current
charge) is changed, it affects the result of the prediction. Nevertheless,
considering that the range of the proper charge level is about
70~120%, if the error of the optimal charge amount prediction is
within 10%, significant improvement of the overall performance of
the heat pump can be expected.

Finally, Fig. 4.15 and Fig. 4.16 show the results of predicting the
optimal charge amount according to various operating conditions and
current charge amount in cooling and heating mode, respectively. As
can be seen from the figures, the optimal charge amount was
accurately predicted under most operating conditions. AAD and RMS

error was 6.97% and 8.64%, respectively.
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4.4 Evaluation of optimum control of refrigerant charge

Using the results of previous parts, an optimal control of the
charge amount is possible in the air heat source heat pump system. Fig.
4.17 shows the average performance enhancement that can be
expected with optimal control of the charge amount. As can be seen
from the figure, a meaningful COP improvement can be expected if
the amount of refrigerant is optimally adjusted even the current charge
is within 70~120% range which is considered as proper charge level.
In particular, the optimal control of charge amount greatly improved
the performance in severe undercharged or overcharged cases, in
which showed a maximum COP improvement up to 14.3%. Average
COP improvement of 6.04% is expected by optimal adjustment of

charge amount.
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4.5 Summary

Using the results in the previous chapter, it is possible to
accurately estimate the amount of refrigerant charge in the heat pump
system. The reason for predicting the charge amount is to maintain the
refrigerant charge in the system at an optimal level. Therefore, it is
necessary to know the optimal amount of refrigerant charge as well as
the current amount of refrigerant charge of the system. The optimal
amount of refrigerant charge, however, depends on the configuration,
conditions and operating conditions of the system. Therefore, a real-
time prediction method of optimal charge is required rather than the
pre-obtained optimal charge.

In order to predict the optimal refrigerant charge amount of the
heat pump, it is necessary to predict the performance of the heat pump
according to the charge amount. However, it is very difficult to
directly predict performance from the charge amount. Therefore, in
this chapter, the performance according to the driving information is
predicted, and the driving information is converted into the charge
amount using the previous charge prediction equation. The accuracy
of the optimal charge prediction method was verified using the
experimental results. The RMS error of the optimal charge prediction
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was 6.97% in cooling mode and 8.64% in heating mode. Finally, the
heat pump performance was evaluated when the charge amount was
optimally adjusted. Using the optimal charge control, the COP

improved by an average of 6.04% and a maximum of 14.3%.

151



Chapter 5. Concluding remarks

In order to improve the performance of the heat pump system and
reduce the energy consumed, the optimal operation of the heat pump system
is very important. However, the charge amount which greatly affects the
performance of the heat pump is not optimally adjusted in most cases. This
is because it is difficult to accurately predict the charge in the heat pump
system. While many charge prediction methods exist, there is no method for
predicting charge that can be used universally and has high accuracy. In this
study, charge prediction method was developed that has high accuracy and
applicable universally.

In the chapter 2, modeling of the heat pump system was performed.
Since the configuration and geometry of the heat pump system affect the
refrigerant charge prediction, detailed modeling was performed considering
the complex geometry of all components. In addition, lubricant must be
considered for accurate charge prediction. Several empirical coefficients
were used to complete the modeling of the heat pump. System simulation
was performed using this heat pump model, and the refrigerant charge was
predicted. RMS error of charge prediction by simulation was 4.95% in
cooling mode and 6.26% in heating mode. In addition, through the

simulation, it was possible to predict the distribution of refrigerant in the
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heat pump. Simulation results showed that more than 90% of the refrigerant
charge change occurs in the condenser.

In the chapter 3, the heat pump was simplified to present a general
method of predicting charge amount. Through the analysis of the simplified
system, a generalized charge prediction equation was presented. In order to
verify the accuracy of the proposed charge prediction equation, a
commercial heat pump experiment was performed. RMS error for cooling
mode charge prediction was 3.7%, and RMS error for heating mode charge
prediction was 8.2% which indicate a high accuracy of charge prediction
equation.

The charge prediction equation is a generalized method but requires
some assumptions. Two extended charge prediction methods were suggested
to increase the accuracy of the charge prediction equation. First, during
continuous driving of system, the accuracy of charge prediction equation is
not always high. Therefore, a criterion for selecting reliable point was
proposed. As a result of selecting reliable points, the RMS error of charge
prediction is 6.11%.

Next, the accuracy of the charge prediction equation was verified on the
system with limited sensor information such as residential heat pump. Under

normal conditions, the accuracy of the charge prediction equation is very
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high. However, in severely leaked conditions (less than 70%), the accuracy
of the charge prediction equation decreases dramatically. Therefore, in
combined with the leakage detection method, the charge prediction equation
is applied only to the normal charged region. As a result, the RMS error
decreased significantly from 18.6% to 5.2%.

Finally, in the chapter 4, a prediction method for optimal charge of heat
pump system was developed. In this chapter, the relationship between
operating information and system performance is first predicted, and then the
operating information is converted to charge amount using the charge
prediction equation. Through this process, it was possible to accurately
predict the performance change of the heat pump according to the charge
amount. In addition, it was possible to predict the optimal charge to
maximize the COP. The RMS error of optimal charge prediction was 6.97%
in cooling mode and 8.64% in heating mode. Optimal control of charge is
possible using the current charge prediction method and optimal charge
prediction method of this study. Finally, the performance of the optimal
charge control is evaluated and a maximum COP improvement of up to 14.3%
was expected.

In conclusion, in this study, a general prediction method for charge

amount and a prediction method for optimal charge were presented. Using

154



these two methods, an optimal control of charge was possible, which is

expected to improve heat pump COP by 6.04%.
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