OXFORD

RADAR BROOKES

Research Archive and Digital Asset Repository UNIVERSITY

Copyright © and Moral Rights for this thesis are retained by the author and/or other copyright owners. A copy can
be downloaded for personal non-commercial research or study, without prior permission or charge. This thesis
cannot be reproduced or quoted extensively from without first obtaining permission in writing from the copyright
holder(s). The content must not be changed in any way or sold commercially in any format or medium without the
formal permission of the copyright holders.

Note if anything has been removed from thesis.

Pages 21, 49, 58, 59, 92, 237, 241 V2 and V3.

When referring to this work, the full bibliographic details must be given as follows:

Boswell, M. J. (1992). Gas engines for domestic engine-driven heat pumps. PhD Thesis. Oxford Brookes
University.

WWW.BROOKES.AC.UK/GO/RADAR



GAS ENGINES FOR DOMESTIC ENGINE-DRIVEN HEAT PUMPS

by

Michael John Boswell

A thesis submitted to the Council for National
Academic Awards in partial fulfilment of

the degree of Doctor of Philosophy

School of Engineering
Oxford Polytechnic
in collaboration with

British Gas plec

June 1992



ACKNOWLEDGEMENTS

I should like to take this oppofrtunity to gratefully acknowledge
contributions made to this work by many individuals and organisations

and in particular:

The continual support of Dr. G. R. Bremble as Head of the School of

Engineering.

Tony Hern for valued and consistent supervision, encouragement and

guidance throughout the duration of the work.

The supervision and expertise of Dr. M. C. Patterson, Manager of The
Built Environment Division, British Gas plc and other members of the

Research Station at Watson House.

The technicians in the School of Engineering especially Paul Allen for

technical support in the drafting and experimental work.

My family especially Diana for enduring patience, support and

encouragement and the final proof reading of the manuscript.

British Gas plc, The Science and Engineering Research Council and The
School of Engineering, Oxford Polytechnic for providing fimancial
support for the study. In recent years British Gas plc has supported a

number of projects associated with engine-driven heat pumps.



CONTENTS

ABSTRACT

NOMENCLATURE

CHAPTER 1

CHAPTER 2

CHAPTER 3

I T = o T N T N S S R S R

NN DN
v PN

O W ~N & »nn & W N

o
= O

INTRODUCTION

Summary

Introduction

Primary energy reserves

Comparative performance of the heat pump
Natural gas as an engine fuel
Engine-driven heat pump developments
Project background

Heat pump simulation

Engine thermal efficiency

Emission control

Conclusions

Objectives of the study

Figures

References

TEST FACILITY

Summary

Modifications

Instrumentation

Range of experimental observation
Experimental procedure
Performance analysis

Figures and plates

References

PROTOTYPE DEVELOPMENT
Summary

General modifications
Cylinder head

Figures and plates

page no

W O W NN B -

NN O e
m O N oW O

31
31
31
32
36
38
41
45
51

52
52
52
53
57




CHAPTER 4

CHAPTER

CHAPTER

CHAPTER

(S I I R G Y I VAR S
~N o v B WD

NN NN NN
~N oy U BWw N

COMPUTER SIMULATION
Summary

The combustion process
Combustion modelling
Details of the engine model
Figures

References

COMBUSTION ANALYSIS

Summary

Introduction

Range of experimental observation
Combustion model

Flame development model

Laminar flame speed correlation
Analysis of pressure-crankangle data
Experimental results and discussion
Figures and tables

References

EVALUATION OF THE ENGINE MODEL
Summary

Evaluation of the Weibe function

The influence of experimental error or

theoretical assumptions

Figures and tables

ENERGY FLOWS

Summary

Introduction

Indicated thermal efficiencies
Engine heat transfer

Exhaust heat transfer
Crankcase blowby

Ambient loss

Unburned hydrocarbons

page no

65
65
65
67
76
92
94

99

99

99
101
102
102
103
104
108
130
177

179
179
179

181
182

188
188
188
191
192
196
200
203
205



.10
.11

CHAPTER 8

CHAPTER 9

CHAPTER 10
10.1
10.2
10.3

CHAPTER 11

11.1

11.2

11.3

APPENDICES

APPENDIX I

Losses at the gas analyser
0il heat transfer
Frictional losses
Miscellaneous observations
Figures and tables

References

EMISSIONS

Summary

Formation of pollutants
Discussion of experimental results
Conclusions

Figures and tables

References

FLOW
Summary
Figures

References

CONCLUSIONS
Parametric tests
Engine modelling

Lean burn strategy

FUTURE WORK
Engine design
Operating strategy

Engine model

COMBUSTION ANALYSIS AND ENGINE MODEL OUTPUT

Figures 1.2 - I.57

page no

205
206
206
219
221
245

247
247
247
251
260
264
276

277
277
281
283

284
284
286
287

288
288
289
290

I.1
1.2



APPENDIX II

APPENDIX III

APPENDIX IV

APPENDIX V

PERFORMANCE DATA AND ENERGY TRANSFERS
Figures I1.2 - II.19

COMPUTER PROGRAMMES
Performance analysis
Thermodynamic engine model

Single cycle pressure-crankangle analysis

CALIBRATION PROCEDURES
Figures IV.5 - IV.9

GAS CHROMATOGRAPH ANALYSIS OF EXHAUST
HYDROCARBONS
Figures V.2 - V.3

page no

II.1
11.2

I11.1
I11.2
I11.24
III.55

Iv.1

IV.5

V.1
V.2



Gas engines for domestic engine-driven heat pumps

by Michael John Boswell

ABSTRACT

An experimental and theoretical investigation has been undertaken into
the performance of a small prototype, water-cooled, gas-fuelled engine
designed for use as a domestic heat pump prime mover. In light of the
application, fuel type and capacity, both experimental and theoretical
study of similar engines is at best poorly documented in the
literature.

A comprehensive engine test facility has been set up, incorporating
extensive calorimetry, a separate lubrication system, emissions
monitoring and high speed data acquisition for in-cylinder pressure
measurement and analysis. Two new experimental cylinder heads have been
designed together with new induction and exhaust systems, both to
improve performance and to enable further investigation of the
combustion process.

A preliminary parametric study of the combustion process established
that the thermal efficiency and emission levels are strongly dependent
on operational and design variables and that a lean, fast-burning
combustion process in a slow speed engine coupled with careful control
of other operating variables had the potential for improving
efficiency, reducing emissions, and lowering frictional losses and
noise levels with enhanced durability.

Accordingly, new information has been obtained relating to rates of
heat release, energy flows and emission levels over a wide range of
design and operating conditions with utility for and consistent with an
envelope of conditions appropriate to such a lean burn strategy.

Modelling techniques have been developed and used as diagnostic tools
in conjunction with the experimental data to investigate the influence
of operating and design variables on rates of heat release and energy
flows. The models have been validated using the experimental data over
a wide range of operating conditions and incorporated into a
thermodynamic engine model for use as a sub-model in an overall heat
pump model,

The experimental and theoretical programme has provided a valuable
insight into the lean burn strategy and realised a considerable
improvement in the performance of the prototype engine. The theoretical
study benefits from a new approach to small gas engine design and
development.



NOMENCIATURE

The following list defines general symbols, subscripts, notation and
abbreviations; specific nomenclature is defined in the appropriate

text.

Area

Weibe function duration parameter
Bore

Blowby coefficient

Swirl number

Specific heat at constant pressure
Diameter

Enthalpy

Specific enthalpy

Heat transfer coefficient

Chamber height at start of combustion
Thermal conductivity '
Valve lift

Mass

Engine speed

S IR AaS OQDR >
o

Index of compression or expansion

e

Nusselt number
Cylinder pressure

Heat transfer

O v =

Universal gas constant

T, cr Compression ratio

Re Reynolds number

S Stroke

Sy Mean piston speed

St Turbulent flame propagation speed -
relative to the unburned charge

S Laminar flame speed

S Specific entropy

T Temperature

Tq Torque

t Time

U Internal energy
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Turbulence intensity

Specific internal energy

Volume

Isentropic velocity

Volume at tdc

Swept volume

Specific volume

Work transfer

Fractional mass consumed, position

Weibe function shape parameter
Stoichiometric molar fuel-to-air ratio,

half stroke to rod length ratio

Volumetric efficiency

Crankangle

Combustion interval, 0 to 100% mass consumed
Flame development interval, O to 1% mass consumed
Crankangle at which combustion starts
Kinematic viscosity, molar coefficient
Density

Stefan-Boltzmann constant

Fuel-to-air equivalence ratio, valve seat angle '

Angular velocity

Subscripts

—_— e, 0 O

o~ g e g

Burned

Entrained, equilibrium
Enflamed, flow

ith component, ignition
Loss

Unburned

Valve

Wall

Start of combustion

End of combustion
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Notation

(]

Concentration
Maximum value
Time rate of change

Average

Abbreviations

bdc
bmep

CHP
Ccorp
ca

Eoc
EVC
EVO
FSR
fmep
HHV
IGN
IVC
Ivo
imep
LHV
IML
MMEP
PER
Pmax
ppm
SD
Soc
Tex

tdc

wot

Bottom dead centre
Brake mean effective pressure

Combined heat and power
Coefficient of performance
Crankangle

End of combustion

Exhaust valve closes

Exhaust valve opens

Flame speed ratio (S:/Si)
Friction mean effective pressure
Fuel higher heating value
Ignition

Inlet valve closes

Inlet valve opens

Indicated mean effective pressure
Fuel lower heating value

Lean mixture limit

Motoring mean effective pressure
Performance effectiveness ratio
Maximum in-cylinder pressure
Parts per million

Standard deviation

Start of combustion

Mean exhaust temperature

Top dead centre

Unburned hydrocarbons

Wide open throttle
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PRESENTATION OF FIGURES AND TABULATED DATA

Figures and tabulated data are presented at the end of each chapter in
the order in which they are referred to in the text. Figures included

in the Appendices are referred to by page number.



CHAPTER 1 - INTRODUCTION

Summary

In this chapter the incentive for heat pump development is discussed
within the context of environmental impact. An overview is presented of
the development of the engine-driven heat pump, including the previous
work conducted on gas-fuelled units with reference to the extensive
research programmes in America and Japan and academic institutions in
the United Kingdom. Engine modelling techniques in heat pump
simulations are discussed. High engine thermal efficiency and low
exhaust emissions are identified as fundamental criteria in determining
the success of such units. A review of the literature, relating mostly
to petrol-fuelled engines, is undertaken to investigate and evaluate
the methods commonly used to improve efficiency and reduce emissions. A
summary of the main points established from the literature survey in
this and succeeding chapters is presented from which the scope and

objectives of the study are derived.
1.1 Introduction

In recent years the incentives for developing technology with low
environmental impact have become increasingly urgent because of growing
demand on finite natural reserves and widespread apprehension about the
effects of earlier technology on the environment. Whilst organised
inquiry into such effects has not yet developed into a mature science
the initial prognosis is far from encouraging. It is unlikely that
harmonious solutions will be achieved without global co-operation on
both consumption and pollution or without some form of integrated
policy embracing all methods of energy conversion, consumption and
conservation with particular reference to local resources and needs. As
a tentative first step it seems desirable that technological products
be assessed by some form of environmental audit initiated at the point
of extraction of the various materials used in manufacture and with due
regard to the scarcity of the resource. Subsequent transportation,
manufacturing, distribution and use all accrue a penalty commensurate
with environmental impact. With such an audit product longevity and re-

use are also attractive features.



1.2 Primary energy reserves

Whilst proved world reserves of oil have increaéed threefold and those
of natural gas fourfold over the past 25 years the projected lifespan
of reserves has risen only slightly due to increased consumption, that
of oil from 30 to 45 years and that of gas from 40 to 60 years. World
reserves of coal currently stand at around 240 years, (1.1). (Proved
reserves are resources which geological and engineering data indicate
with reasonable certainty can be recovered in the future from known

reservoirs under existing economic and operating conditions.)

In the United Kingdom the projected lifespan of proved natural gas
reserves has reduced from around 50 years in 1987 to a current level of
around 23 years as gas production has risen markedly, (1.2). It has
been estimated however, that only 25 to 30% of potential gas-bearing
geological formations throughout the world have been explored,
particularly in offshore locatiomns, (1.3), and as economic conditions
change, extraction from less profitable sources and other methods of
production such as coal gasification and biomass or collection from

waste may prove attractive.

1.3 Comparative performance of the heat pump

In comparison with conventional methods of producing heat, heat pumps
utilise primary energy more effectively. Whilst electrically-driven
units convert electricity efficiently, potentially greater savings of
natural reserves with proportionally lower emission levels can be
achieved with engine-driven units since there are no electrical
generation or transmission losses. Figure 1.1 illustrates the potential
of the heat pump for primary energy conservation when compared with

conventional methods of producing heat.
The following heat pump performance criteria are adopted:
Coefficient of performance

COP = heat delivered to high temperature sink

work input



Performance effectiveness ratio

PER = useful heat output from complete installation

energy input to complete installation

1.4 Natural gas as_an engine fuel

Natural gas is transported from source to point of use more efficiently
than any other form of fossil fuel. It has been reported that with
increased pipeline diameters characteristic of contemporary practice,
around 10% of the primary energy transmitted is required to deliver the
gas through a distance of 6000 km, (1.3, 1.4). Unlike conventional
fuels for spark-ignited engines or for power generation there is no
demand on transportation systems or environmental penalty to consider
from the pollutants associated with transportation; it has been
estimated that cross-border movements of o0il throughout the world
amounted to around 3 billion tonnes in 1990, (1.1). In comparison with
0oil processing, penalties are negligible. For stationary engines the
fuel supply, control and distribution systems are in most cases well

established.

Natural gas is in many ways an ideal engine fuel. It readily forms a
mixture with air and burns cleanly and progressively; as the hydrogen-
to-carbon ratio of a fuel increases, levels of COZ’ unburned
hydrocarbons and NOx diminish at equal equivalence ratios, all other
factors being equal, (1.5). Laminar flame speeds exceed those of petrol
fuels at the weaker mixture strengths, suggesting improved lean mixture
operation and the potential for output control by quality governing,
(1.6, 1.7). High compression ratios can be utilised since natural gas
is inherently resistant to detonation. Improved lean mixture operation,
quality governing and high compression ratios offer the potential for
improved thermal efficiency. Engine output is however lower for the
gas-fuelled engine in comparison with the petrol-fuelled counterpart
since the breathing capacity is inhibited by the lower density of the
fuel.

Natural gas offers an alternative to dependence on imported oil which

is of particular concern following the recent events in the Gulf and



the effect that instability in the region in the past 20 years has had

on the world economy.

1.5 Fngine-driven heat pump developments

The theory of heat engines was first proposed by Carnot in 'Reflections
on the Motive Power of Fire’ in 1824, (1.8) and practical
demonstrations of these principles applied to heat upgrading were later
made by Lord Kelvin, (1.9), in the mid nineteenth century. Whilst the
cooling application of heat pumps has since developed into a mature
technology, the heating potential has not been fully exploited due to a
perceived abundance of natural reserves of primary energy and simpler

alternative methods of converting these to heat.

The provision of summer cooling is attractive for most industrialised
countries outside of Northern Europe, and in those countries also
requiring some form of winter heating the development of a reversible
heat pump is of particular interest since a net reduction in capital
cost can be achieved from the replacement of separate appliances. The:
economic success of the Northern European heat pump, however, is
determined solely on its cost effectiveness in satisfying a heating
requirement and until the increases in the price of oil in the early
1970's its development has been mainly restricted to fairly large
applications where significant reductions in energy consumption could

offset the capital expenditure on the plant.

The increased cost of energy during the 1970’'s stimulated heat pump
development in Europe, America and Japan as a means of reducing
dependence on imported oil. In Europe the number of residential and
commercial installations had risen to around 100,000 by 1980, (1.10).
Annual sales in 1982 for the United States, Japan, the former West
Germany and France were running at 400, 1000, 40 and 50 (thousands)
respectively, (1.11). Virtually all units were electrically driven due
to the availability of supply and the simplicity, reliability and low

noise of the electric motor.

Reciprocating spark-ignition engines fuelled with natural gas have

aroused considerable interest in recent years, both for combined



heating and in-house power schemes, see for example References 1.12 and
1.13, and as prime movers for heat pumps. In comparison with the
electrically-driven heat ﬁump, high overall performance together with
high outlet temperatures can be achieved with engine-driven units by
recovering the heat rejected by the engine and using it in the heating
system. More efficient use of primary energy is made since around three
units are required to produce a unit of electrical energy due to losses
in generation and transmission. The heat output can be matched more
readily to the heating load using a variable-speed engine drive than

the on/off control of the conventional electric motor.

Most of the engine-driven installations in Europe in the past decade
have been packaged units installed in commercial buildings under
sponsorship from the gas utilities or the Government. Only in the
former West Germany had significant development of the market occurred
by 1984 with 600 units operational. In Holland, Switzerland, and the
United Kingdom growth has been much slower with 50, 12, and 33

installations respectively, (1.11).

In the United Kingdom some typical applications reported in recent
years are for providing heat in malting kilns and swimming pools and
cooling of administrative buildings, (1.14 - 1.17). Steam raising from
a high temperature liquid effluent source is reported in References
1.18 and 1.19. Capacities range from 100 to 2,700 kW and the units are
typically based on modified petrol or diesel engines used together with

conventional heat pump or refrigeration components.

In comparison with larger units the requirements for a domestic engine-
driven heat pump are more demanding and if progress is to be made it is
likely that a different approach will be required. Before such a unit
is introduced into the domestic environment further study is required
in a number of important areas. Amongst the most significant of these
are associated with achieving a clean, quiet, low cost, reliable,
durable and efficient small engine. In the United Kingdom research in
this field has been restricted by the lack of a suitable small water-
cooled engine. Most of the world's expertise on small engines lies in
America and Japan. In both these countries large research projects are

concentrating on domestic engine-driven heat pump development.



In Japan, a strong dependence on imported oil together with a growing
home market for reversible electrically-driven heat pumps has
encouraged intensive research into the reversible gas-fuelled engine-
driven counterpart. A research association including three major gas
related companies, six engine manufacturers and seven system
manufacturers has been formed under funding from the Government to
investigate domestic and small commercial heat pump systems resulting

in the commercial availability of several units.

As part of this programme, Kawamoto et al., (1.20, 1.21), of Osaka Gas
have investigated a number of different reversible heat pump cycles
with capacities varying from 6 to 8 kW for heating and 3.5 to 6 kW for
cooling. Two and four-stroke engines with various compressor
configurations have been developed. Performance effectiveness ratios of
1.2 and 0.8 for heating and cooling respectively and 1.4 for hot water
supply were reported for a specimen configuration. Engine thermal
efficiencies from 25 to 28% were achieved based on the higher heating
value (HHV) and emissions of CO/CO2 were maintained at 0.01 with NOx
below 150 ppm using a ternary catalyst.

At Tokyo Gas, Yamagishi et al., (1.22), have developed a reversible
heat pump system utilising a single-cylinder, 2-stroke, water-cooled
engine and a rotary compressor with R12 as the working fluid. At the
rated speed the capacities reported for heating, cooling and hot water
were 5.9, 3.2 and 6.16 kW respectively with corresponding performance
effectiveness ratios of 1.15, 0.57 and 0.97. The noise level was
recorded at 50 dB (A) at one metre distance from the unit at the rated
speed. An engine thermal efficiency of 21% (HHV) was achieved and
emission levels reduced to 50 ppm for CH4 and CO and 145 ppm for NOx
using a platinum catalyst. A service 1life of 20,000 hours was
considered a desirable feature for the engine and endurance tests were

successfully conducted for 3,000 hours.

A number of other systems have also been developed at Tokyo Gas.
Kaizaki, (1.23), reports on the construction of five water;cooled,
single-cylinder, 4-stroke engines together with various compressor
configurations using R22 as the working fluid. Field tests have been

conducted on five heat pump systems with capacities ranging from 5.8 to



10.5 kW for heating and hot water and 3.5 to 5.8 kW for cooling. Sample
performance characteristics are presented for a single heat pump
configuration: at the design pointf a heating capacity of 5.7 kW with a
PER of 1.58 and for cooling a capacity of 3.8 kW with a PER of 1.08.
Noise levels were measured at 51 dB (A). An engine thermal efficiency
of 28% based on the lower heating value (LHV) was achieved with NO
reduced to 125 ppm by exhaust gas recirculation (EGR) and a 3-wa;
catalyst. The engines have undertaken 11,000 hours of endurance

testing.

In the United States an intensive research programme has been
undertaken with the collaboration of The Gas Research Institute and two
major manufacturers; Briggs and Stratton Corporation and Battelle
Columbus Division, (1.24, 1.25). A prototype, packaged unit has been
designed, the main features including a 4-stroke, single-cylinder,
water-cooled engine together with a reciprocating compressor and gas
fired auxiliary heating. R22 is used for the working fluid. The design
criteria specify a capacity of 10.6 kW, a PER of 1.0 at 35 degrees C
ambient for cooling and a PER of 1.7 at 8.3 degrees C ambient for
heating. To meet these performance targets considerable engine
development work has been undertaken. A lean burn strategy coupled with
careful control of design and operating variables has increased
efficiency levels to 31%, (HHV), with NOX levels below 150 ppm. The
engine incorporates numerous features to meet a durability target of

30,000 to 40,000 hours service before opening the engine.

A number of research programmes have also been undertaken within
academic institutions in the United Kingdom. Of particular interest are
the collaborative 2-stroke engine and compressor design and development
project undertaken by The Queens University of Belfast and the
University of Leeds under funding from British Gas, (1.26) and the gas
engine-driven heat pump designed and tested by Phillips of the Open
University in collaboration with Lucas Aerospace and the Department of
Energy, (1.27). The main features of the system studied by the latter
group include a single-cylinder, 4-stroke, water-cooled Brit Imp marine
engine coupled to a Hall Thermotank compressor with R12 as the working
fluid. Extensive testing of the unit was undertaken which was reported

to work well but suffer from poor engine performance. At the rated



speed over a 50 degrees C temperature lift the heat output was measured
at 14 kW with a PER of 1.1. The engine thermal efficiency at this point
was 17% (HHV). At 1 metre distance from the heat pump a noise level of
65 dB (A) was noted.

1.6 Project background

For several years The School of Engineering at Oxford Polytechnic has
collaborated with Task Power and Control on engine-driven heat pump
development. The initial work involved a feasibility study on a 200 kW
gas fired Rankine/vapour compression cycle for which a computer
simulation was prepared to optimise the working fluids in both the
power and heat pump parts of the cycle. In 1980, Task, in collaboration
with Grundy Morgan Ltd., initiated the development of a 10 kW heat pump
for the domestic market. A survey of engine-driven heat pump projects
undertaken at that time indicated that they had not fulfilled their
promise because the components utilised had not been specifically
designed for this type of application. Recognising this and to keep
capital costs to a minimum and obtain a better balanced machine, Task
proposed a heat pump design based on a novel reciprocating integrated
engine/compressor unit, fuelled by natural gas, specifically designed
for the application to take full advantage of the potential energy
savings available with this type of heat pump.

Design studies commenced in 1981 and at the same time the existing heat
pump simulation model was modified to include a reciprocating engine
instead of the original Rankine power cycle. This was used for
optimisation studies and performance predictions, both on and off
design, for various heat pump cycle arrangements and with different
working fluids. A two stage compression and expansion cycle with two
throttle valves and a flash chamber was eventually chosen using R11l4 as
the working fluid.

In parallel with the above, a 10 kW heat pump was constructed at Oxford
Polytechnic using standard refrigeration components and a modified
Honda engine. Valuable operating experience was gained with this heat
pump and the mathematical model was considerably improved. A new engine

model was added together with models of the evaporator and condenser.



Manufacture of the first engine/compressor unit was completed in 1983,
It was a reciprocating machine having four in-line cylinders. The gas
engine occupied cylinder 1 with its crankshaft coupled to the
crankshaft of a two stage compressor running in the remaining three
cylinders. Cylinders 3 and 4 formed the low pressure stage and cylinder
2 the high pressure stage. Separate cylinder heads were used for the
engine and compressor with the crankcase divided into two parts
incorporating a bellows-type face seal between them to prevent
refrigerant loss. Figures 1.2 and 1.3 illustrate the heat pump system

and proposed package.

The gas engine was subsequently assembled using a dummy crankshaft and
flywheel in place of the compressor rotating assembly and testing of
the engine took place later in the year. During 1984 the compressor
section was assembled and a limited test and development programme
undertaken using the engine/compressor unit in a heat pump cycle with
both R114 and R1ll as working fluids. The results of this programme were
very promising with a heating capacity around 8 kW, a PER of 1.2 and
temperature lifts of up to 85 degrees C reported, (1.28).

In 1985 a similar engine only version of the Task unit, with a dummy
shaft in place of the compressor crankshaft was prepared for engine
testing at Oxford Polytechnic. The performance of this engine is
described in References 1.29 and 1.30. Details of the engine are given

in Figures 1.4 and 1.5.

1.7 Heat pump simulation

A heat pump simulation model is of value because it can provide
detailed information on the complex interaction of individual
components, the performance of a working fluid and allow evaluation of
a control strategy. This information can be used to optimise heat pump
performance without recourse to a costly and time consuming empirical

approach.

Whilst the development of an overall heat pump model is beyond the
scope of this work, a survey of the literature has been conducted,

(1.29, 1.31 - 1.37), which has revealed no evidence of the application



of gas engine cycle simulation to heat pump models. In general the
models are related to electrically-driven units with the various system
components modelled to a greater or lesser sophistication depending on
the objectives of the study. Van Rij, (1.37), Patani-and Bonne, (1.35)
and Tam, (1.29), modelled engine characteristics using simple

correlations obtained from empirical data.

The development of a gas engine cycle simulation to be used in
conjunction with a heat pump model is of value since new information
relating to emission levels from engine-driven units can be predicted
as the heat pump operating conditions vary. There is also opportunity
for a new approach to small gas engine design and development since the
optimisation and evaluation of the design, operating variables and
control strategy can be investigated based on the requirements of a

heat pump.

1.8 Engine thermal efficiency

High engine thermal efficiency is of fundamental importance for heat
pump applications since this governs the amount of primary energy
multiplied by the heat pump cycle. Assuming a coefficient of
performance for the heat pump cycle at around 3 and unrecoverable
energy losses from the engine at about 15% - approximate figures which
vary with operating conditions - an engine thermal efficiency of 28%
(HHV) is required to produce a performance effectiveness ratio of 1.4,
This value is considerably higher than that of the Task engine in its
original configuration or other off-the-shelf engines of similar output
where a range of 18 - 22X applies. New engines under development,
however, as part of the Japanese and American programmes have reported
efficiencies in the range 22 - 32% as noted earlier, (1.20 - 1.25).

A number of different approaches to improving engine thermal efficiency
have been reported in the literature, mostly with reference to petrol-
fuelled engines. The most significant of these in this application are

likely to be increased compression ratio and lean mixture operation.

It is known that higher compression ratios yield higher efficiencies

but in practice the onset of detonation limits the useful compression

10



ratio that can be used. Methane has good detonation resistance in
comparison with other fuels and thus higher compression ratios can be
utilised. Although operating variables and engine-specific
characteristics such as combustion chamber geometry and spatial
arrangements of components within the chamber influence the onset of
detonation, useful compression ratios of 15 to 16:1 over the complete
range of mixture strength have been reported for a number of different
natural gas-fuelled engines in References 1.38 - 1.40. It is thought
that a further limitation is imposed by higher frictional losses which
ensue through increased gas loads; Kawamoto, (1.20), reports only
marginal increases in efficiency for compression ratios greater than
12:1, and other workers, for example Swain et al., (1.25), have
considered these small gains unjustified in light of adverse
consequences for durability. Typically compression ratios in common use

for gas engine applications range from 8 to 12:1.

Theoretically, improved efficiency results from the combustion of
weaker mixtures but these in practice produce lower flame speeds,
extended burn duration, increased cyclic variability and eventually
prevent complete combustion of the charge as the lean flammability
limits are approached. The shorter the burn duration, the more closely
combustion approaches the ideal constant volume heat addition, heat

losses are reduced and increases in efficiency can be expected.

Two methods are commonly used to reduce the burn duration. The first
involves generation of turbulent charge motion by a directed,
tangentially-oriented outflow from the valve or by pre-swirl generated
in the port upstream from the valve. Further motion amplification can
be promoted by squish regions within the combustion chamber (radially-
directed flow achieved through piston movement). Disadvantages
associated with the generation of turbulent charge motion are increased

heat transfer to the cylinder walls and higher frictional losses.

Reductions of up to 60% of the 0 - 90X burn time, and reduced cyclic
dispersion were obtained by Endo et al., (1.41), by offsetting the
inlet tract from both cylinder and valve centre lines. This induces
mixture motion directed tangentially along the cylinder wall and

promotes a swirl within the cylinder. Masked inlet valves have also

11



been used by other workers, (1.42 - 1.45), to investigate the effects
of directed mixture motion. These have been found to promote enhanced
burn rates, but are disadvantaged by high pumping losses and additional

mechanical complexity to control valve rotation.

Nested delta wings have been used by Lucas et al., (1.46), to generate
vortices within the port upstream of the valve, increasing the flame
speed and extending the lean mixture limit. Again high pumping losses
are to be expected. A more practical approach to pre-swirl generation
is the helical pre-chamber situated above the valve seat. Helical ports
are compact and are capable of producing high swirl at low valve lifts,
whereas directed ports require lengthy, straight sections and may
impose spatial limitations on other cylinder head components. Directed
ports produce most swirl at higher valve lifts. Current high swirl

ports often combine features of both directional and helical ports.

The second method of decreasing the burn duration is to increase the
frontal area of the flame front as it propagates into the unburned
charge. The combustion chamber is designed for minimal contact between
flame front and cylinder walls; a compact, small surface area-to-volume
afrangement results with particular attention given to spark plug
location. In comparison to turbulent charge generation, pumping and

heat transfer losses are smaller.

Using cycle simulation, Poulus and Heywood, (1.47), examined the
performance of four combustion chamber shapes representative of current
design: open, disc, hemispherical and bowl in piston. It was concluded
that burn duration is significantly affected by both chamber geometry
and turbulence. Furthermore, a positive influence on burn duration from
chamber shape is preferable to that of turbulence since higher
efficiency is achieved through lower heat loss. Additionally,
modification of the flame shape by spatial location of the spark plug
may be more important in governing burn duration than combustion
chamber shape alone. The model predicts the shortest burn duration for

an open chamber with a centrally located plug.

The extensive experimental work of Lucas and Brunt, (1.48), suggests

that the influence of squish on flame speed is small and that reduced
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burn duration results from the degree of compactness of combustion
chambers with squish features. Bowl in piston and bathtub
configurations with around 48% squish reduced the burn angle (2 - 90%
charge consumed) by 10 and 12% respectively when compared with a disc
chamber of zero squish, whilst a May Fireball with dual ignition
reduced the burn angle by 45%. A complementary simulation predicted
that a hemispherical chamber with dual ignition was most likely to
yield the smallest burn duration and be most suited to lean burn.
Conversely, other workers, (1.49), ascribe reduced burn durations with
changing chamber shape to both differences in turbulence intensity and
flame area development. Bowl in piston chambers with 60 and 75% squish
were found effective in reducing the 10 - 90X burn durations by 40 and
60% respectively when compared with a disc of zero squish.

Recent gas engine research programmes have reported some results of
experimental investigations into combustion chamber geometry. Kawamoto,
(1.20), reports on three configurations, of which the optimum design
selected for further development appears similar to the May Fireball
with a recess volume below the exhaust valve seat. This work suggests
that the ratio of recess volume to the total chamber volume is an
important design variable with the highest thermal efficiencies of 31%
(LHV) obtained with ratios greater than 0.8. The GRI/Battelle project,
(1.24, 1.25), has published results from a preliminary comparative
study of three types of combustion chamber: 20 degree wedge, high ratio
compact chamber and a twin plug open system. Peak efficiencies of 31,
28 and 27.5% (HHV) respectively, have been reported with air-to-fuel
ratios and ignition timing optimised for NOx levels below 150 ppm. This
work concluded that squish was more effective than swirl in reducing
burn durations and implied that some form of compact chamber was
required. Yanmar, in Reference 1.50, reports an increase in thermal
efficiency from 20 - 28% on a 1.2 kW engine as a result of changing the
combustion chamber to the May Fireball.

1.9 Emission control

Although there is no current legislation in the United Kingdom to cover
emissions from small stationary engines of this type it is unlikely

that an engine-driven heat pump will gain public acceptance unless its
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exhaust can be demonstrated to be clean. Both the American and
Japanese, (1.20 - 1.25), development programmes are aimed at meeting
stringent emissions levels. Pollutants which cause most concern are

oxides of carbon and nitrogen and unburned hydrocarbons.

Methods currently used or under investigation for the control of
emissions include: optimisation of operating variables, design of the
combustion process, exhaust gas recirculation, after-treatment devices

in the exhaust system and water induction to the inlet manifold.

As a baseline for comparison, naturally-aspirated, single-cylinder,
natural gas-fuelled engines lacking any form of emission control and
operating at near stoichiometric mixtures have been reported to produce
levels of NOx, CO, and unburned hydrocarbons (UHC) around 3000, 500,
and 2000 ppm respectively, (1.51 - 1.53).

With the introduction of emission control by operating variables the
above workers report significant reductions in pollutant levels. For
example, increasing the excess air ratio from the stoichiometric to 1.4
was found in References 1.52 and 1.53 to reduce NOx to around 300 ppm
and CO to less than 500 ppm with UHC falling slightly and then rising
back to the stoichiometric level. Fleming and Alsup, (1.52), achieved
up to a 70% reduction in peak NOx levels and an 80% reduction in UHC
levels (g/BHp basis) over the weak mixture range by retarding the
ignition timing by 20 degrees. A similar strong dependence of NOX
formation on ignition timing is reported by the GRI/Battelle project,
(1.24, 1.25), for example, retarding by 5 degrees at an excess air
ratio of 1.65 reduced Nox from 200 to 100 ppm. With particular
reference to petrol-fuelled engines other workers have reported strong
dependence of NOx formation on operating variables such as ignition
timing, coolant temperature, chamber deposits, excess air ratio,

compression ratio and engine speed, (1.54 - 1.56).

The quantity of residual gas in the cylinder at the start of
compression influences NO_ formation and by artificially increasing the
residuals by exhaust gas recirculation emission levels can be
controlled, (1.57). Cycle simulation suggests that NOx formation is

inhibited by lower burned gas temperatures which ensue as residuals
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absorb a portion of the chemical energy released during combustion,
(1.58). Exhaust gas recirculation has been found effective in reducing
NOx emissions from a single cylinder natural gas-fuelled engine. With
exhaust gas recirculation ratios ranging from 0 to 7%, Kawamoto,
(1.20), reports Nox levels reducing from 3000 to 2000 ppm at
stoichiometric mixtures and from 300 to 100 ppm at excess air ratios of
1.4,

Water induction to the manifold reduces burned gas temperatures and
consequently NOx emissions. With reference to petrol-fuelled engines,
decreases from 3000 to 2000 ppm at weak mixtures have been noted,
(1.59), and substantial reductions predicted by cycle simulation,
(1.58).

Three-way catalytic converters have been employed for a number of years
in some areas of the world to lower emission levels in the exhaust by
simultaneously promoting oxidation of CO and unburned hydrocarbons and
reduction of NO through contact with an active catalytic material,
typically a noble metal mix of platinum and rhodium. Whilst a welcome
development in emission control they are disadvantaged on a number of
grounds when compared with a lean burn strategy. The materials used in
manufacture are costly and the units have a finite life, effectiveness
diminishing with age. Only for exhaust gas temperatures exceeding
around 300 degrees C is the catalytic converter effective in reducing
pollutants, and as a result emission control is severely limited during
engine warm-up. Primary fuel conversion is less efficient since
effective pollutant control is achieved only in a narrow window of
excess air around the stoichiometric air-to-fuel ratio whereas higher
engine thermal efficiencies are at weaker mixture strengths.
Furthermore, quality governing of the output is precluded hence pumping
losses are more significant. At stoichiometric operation 002 levels are
highest and these are compounded by additional 002 production from the
converter. The restriction of near stoichiometric operation with
attendant deleterious effect on efficiency could be remedied by exact
control of exhaust gas recirculation, which, diluting the charge,
improves the engine efficiency without impairing the function of the
catalyst. In addition to the feedback system required to control the

air-to-fuel ratio within precise limits some form of exhaust gas
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admission control is also necessary adding greatly to the complexity of

the system.

1.10 Conclusjons

It is convenient at this juncture to outline the scope and establish
the context of this work. The following points summarise the main
findings of a survey of the previous work reported in the literature
and discussed in this and following chapters, together with those
findings established from a survey of the previous work undertaken by

Task Power and Control and Oxford Polytechnic.

(i) Engine design and performance are key factors in producing a

commercially viable domestic engine-driven heat pump.

(ii) Thermal efficiencies based on gross calorific values in excess of
28% are desirable compared with the more usual 18 - 20X for off-the-
shelf engines of this capacity.

(iii) A clean exhaust is required with NOx levels not exceeding 150 to
200 ppm, and CO and UHC less than 500 ppm.

(iv) In comparison with after-treatment devices in the exhaust,
combustion system design coupled with optimisation of operational
variables offers the possibility of both improving engine efficiency
and reducing emission levels with a further potential for developing an

effective engine control strategy.

(v) A reduction in unrecoverable energy losses is particularly
important in this application since heat recovery is a significant
factor in the performance of both heat pump and combined heat and power
units and other losses, for example, the power to drive ancillaries

have a greater significance with engines of low power output.

(vi) Reduction in frictional losses is desirable as these have been
found to be significant in engines of this type, and remaining sensibly
constant at a given speed, they become substantially more significant

as the output reduces.
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(vii) Although a quiet engine is attractive it should be possible to
achieve acceptable noise levels with a low speed engine and acoustic

enclosure.

(viii) Some modification to the original Task concept is necessary to
produce an engine with these performance characteristics: a more
compact, high compression ratio combustion chamber, incorporating
turbulence enhancement features to promote a fast burn allowing
efficient lean mixture operation with reduced emission levels; a lower
design speed to improve durability and reduce frictional losses and
noise levels in conjunction with careful control of other operating

variables.

(ix) The prototypical nature of the unit under investigation precludes
availability of experimental data or theoretical study in the
literature, a lacuna compounded by the limited number of similar
engines of this capacity, the proposed application and the type of fuel
used. Detailed analysis of combustion, the energy transfers within the
engine including the magnitude and distribution of heat transfer,
frictional losses, the significance of blowby, unburned fuel and

ambient losses are of particular interest but are poorly documented.

(x) No evidence has been found of the application of cycle simulation
to small gas engine design and development or to engine-driven heat
pump models. This approach has considerable potential for establishing
and evaluating design criteria and operational methods for increasing
efficiency and reducing emissions in engines for this application based

on the requirements of a heat pump.

1.11 Objectives of the study

Following this appraisal it was felt that priority should be given to
the study of emissions, combustion and energy transfer processes to
determine how the required performance characteristics could be

achieved at minimum cost.

(i) To modify the original Task engine according to the conceptual

design outlined above.

17



(ii) To obtain original benchmark data relating to rates of heat
release, heat transfer, emission levels and frictional losses over a
wide range of design and operating conditions consistent with an
envelope of conditions appropriate to a lean burn strategy, Qith the
objectives of supporting this study and contributing information to the
lacuna, and hence to complement any subsequent investigation where such
data is required for further analysis or development of an engine model

utilising natural gas as a fuel.

(iii) To investigate the effects of such changes on the rates of heat

release, heat transfer and emissions.

(iv) To establish the distribution and magnitude of frictional losses

within the engine.

(v) To conduct overall energy balances, with particular reference to
small quantities thought to be significant in low output engines, and
hence assess the distribution and magnitude of energy transfers within
the engine and to use such audits to support experimental measuring

techniques.

(vi) To use the data to develop a combustion model incorporating flame
development with utility for the analysis of combustion in natural gas-

fuelled engines and to evaluate a suitable friction model.

(vii) To develop a thermodynamic engine model suitable for use as a

sub-model in an overall heat pump simulation.

(viii) To validate the model over a wide range of operating conditions.
(ix) To use the model, in conjunction with the data from parametric
testing, as a diagnostic tool for a comparative study of the effects of
operating and design variables, with the objectives of evaluating and
improving the conceptual design and to further understanding of the

combustion process, heat transfer, emissions and performance.

(x) To investigate and evaluate a lean burn strategy.
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Additionally, in order to satisfy the above objectives, it was

necessary to set up a comprehensive engine test facility and make

revisions to the design of the prototype engine. This work is detailed
in the following two chapters.
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Figure 1.3 Heat pump proposed package.
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Figure 1.4 Section through the Task engine.
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Number of cylinders 1

Bore 54 mm
Stroke 55 mm
Swept volume 126 cc
Compression ratio 9:1
Design speed 3000 rev/min
Maximum speed 4500 rev/min

Performance at design speed

Brake power - 1.7 kW
Thermal efficiency - 18-20%
bmep - 5.4 bar

Valve arrangement - side inlet, overhead exhaust

Timing drive - single chain to side mounted camshaft incorporating
Reynolds automatic adjuster

Valve timing IVO 15 BTDC
IVC 10 ABDC
(Camshaft B) EVO 50 BBDC
EVC 15 ATDC
Inlet valve diameter 22 mm
Exhaust valve diameter 22 mm
Inlet valve lift 4.0 mm
Exhaust valve lift 4.5 mm
Cylinder liner - wet
Piston - aluminium with two compression and one oil control
ring
Gas admission - modified S.U. carburettor
Ignition - electronic, contactless triggered by Hall effect gap
sensing pick up
Lubrication - camshaft operated jerk pump, 1.5 1/min at 3000
rev/min

Figure 1.5 Specification of the Task engine in the original
configuration.
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CHAPTER 2 - TEST FACILITY

Summary

The major modifications made to the test facility necessary to fulfil
the programme of work are discussed in this chapter. A description of
the instrumentation and data acquisition systems is presented. The
range of experimental observation, experimental methodology and
subsequent processing of data are outlined. Plate 2.1 illustrates the

engine and modified test facility.
2.1 Modifications

Since operation at higher temperatures is an important factor in
reducing heat and frictional losses, a pressurised cooling system was
installed including extensive calorimetry, an ancillary flow

calibration circuit and a thermostatically controlled heating facility.

A thermal enclosure was manufactured and mounted on the test bed with
the objectives of reducing the radiative heat loss from the engine to
the environment and allowing measurement of ambient losses. The
enclosure incorporated aluminium panels backed with high density
Rockwool fibres, located on an aluminium frame with quick release

fasteners.

To reduce exhaust back pressure, the exhaust heat exchanger was re-
designed to a shell and tube counterflow type incorporating 30 tubes of
length 570 mm and bore 5 mm with the exhaust gas flowing through the

tubes. External surfaces were lagged.

To conduct motoring tests with the engine in progressive stages of
disassembly and under simulated firing conditions, the wet sump and
camshaft-operated oil pump were replaced by a remote lubrication system
with an externally-driven pump and heating option together with

pressure and temperature control.

Accurate and simple control of the spark timing was considered of value

in the early stages of the work since it was observed to significantly
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influence the concentration of NOx. The original manual adjustment was
replaced by a stepper motor drive interfaced with a BBC microcomputer.
A resolution of one degree was provided with the timing displayed on

the terminal.

The resolution of the stepper motor-controlled gas flow valve was
adjusted by revising the dimensions of the internal slot to improve
control over the air-to-fuel ratio setting in keeping with the lean
burn and quality governing strategy (see Figure 2.1).

The above modifications were accompanied by extensions to the
instrumentation. A full exhaust gas analysis system was added and
comprehensive revisions made to the air, gas and coolant flow,
temperature and pressure measuring systems. All measuring systems were

interfaced with an IBM XT microcomputer for data logging.

To conduct in-cylinder pressure analysis, a software-driven data
acquisition system was installed based on the IBM XT microcomputer
interfaced with two analogue to digital converters with on-board
memory, a time base module, together with an in-cylinder pressure
transducer and an optical encoder driven from the engine crankshaft. To
improve the accuracy of pressure-crankangle referencing, an enlarged
timing disc of diameter 0.3 m with graduations at 1 degree intervals

was produced and mounted on the crankshaft at the rear of the engine.

2.2 Instrumentation

In addition to the measurements of cylinder pressure and crankshaft
position numerous other (around thirty) quantities required measurement
at each operating point. These included temperatures, gas analysis,
flows, pressures, engine speed and load, gas power input and ignition
timing. These values were displayed continuously throughout the tests
together with calculated quantities such as air-to-fuel ratio, thermal
efficiency etc. A full instrumentation schematic is shown in Figure

2.2. Calibration procedures are discussed in Appendix IV.
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Engine_ test bed

Engine tests were conducted on a Cussons Automotive 12, type P8060,
test bed. The unit incorporates a swinging field regenerative d.c.
dynamometer rated at 9 kW at a maximum speed of 4000 rpm together with
a thyristor speed control unit. The casing of the dynamometer is

rigidly fixed to a strain gauge load cell capable of measuring force

accurately in both directions.

Engine speed

The engine speed was monitored with a tachogenerator attached to the
free end of the dynamometer. A CP electro-magnetic transducer activated
by a slotted disc attached to the engine crankshaft together with a CP

digital display was also installed to measure engine speed.

Gas analysis

The concentrations of NOX, UHC, CoO, 002 and 02 in the exhaust were
measured continually using an Analysis Automation emissions monitoring
system. The sample was delivered from the exhaust manifold through an
external heated line to an oven maintained at constant temperature
within the system. An internal heated line subsequently conveyed a
portion of the sample to a chemiluminescent NOx analyser, the remainder
passing through filters and a cooler to non-dispersive infra-red CO and
602 analysers, a flame ionisation detector for UHC and a micro-fuel
cell O2 analyser. Measuring NOx using the chemiluminescence principle
is desirable since dry samples are required with alternative techniques
such as NDIR. Condensing the water vapour within the sample 'washes
out’ NOX and hence lower concentrations are measured with such

instruments.

Combustion prxessure

A Kistler 6123A1 miniature quartz transducer in conjunction with a
Kistler 5007 charge amplifier was used to measure cylinder pressure.
This particular transducer was selected to conform with the spatial

arrangement of cylinder head components and the constraints imposed by
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the small volume of the combustion chamber without compromising its
performance. The transducer is of rugged design able to operate without
coolant in arduous conditions close to knocking and is relatively
insensitive to coking. A passageway was used to connect the transducer
to the combustion chamber and a housing produced to allow mounting. It
has been reported in the literature that such arrangements can produce
errors in the pressure data due to pressure oscillations in the
connecting passageway, (2.1, 2.2). To establish the significance of
such effects, comparative testing was undertaken with a flush mounted
transducer. This investigation together with the results is detailed in

Appendix IV and shows that the arrangements are comparable.
Pressures

Furness FC004, FCOl2 and FCO060 micromanometers were used to measure gas
pressure, air flow and inlet manifold pressures respectively. Where
necessary the exhaust manifold pressure was obtained with an Airflow U-

tube 0il manometer.

Crankshaft angular position

A Hohner 3202 incremental optical shaft encoder of robust construction
was installed on the engine test bed, driven from the crankshaft by a
stub shaft and anti-backlash coupling. The encoder produced a square
wave pulse at 1 and 360 degree increments. The latter pulse was used to

mark bdc.
Gas _flow

A microprocessor-based gas meter (Gemini) interfaced through an optical
sensor to a Wright DM3F saturator and wet meter were kindly supplied by
British Gas plc. The Gemini displays updated values of gas flow rate,
total volume of gas and energy consumed, input power and the run time
every one tenth of a revolution of the wet meter. The instrument takes
into account gas temperature, pressure, calorific value, the saturated

vapour pressure in the gas and atmospheric pressure.
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Air flow

An Alcock, Type S, viscous flow meter was used in conjunction with a
Furness FCO12 micromanometer. This type of flow meter is relatively
insensitive to the pulsating flow encountered in single-cylinder

engines.
Coolant flow

A Litre Metre LM45 SS turbine type impulse flow meter was used to
measure the flow rate of the engine coolant. The fluid is passed
through a jet within the meter and directed onto a Pelton Wheel.
Ferrites located in the rotor tips are detected as they pass a sensing
coil producing a pulsed output linear to flow rate which is indicated

on a moving coil meter.

The flow rate in the coolant temperature control circuit was measured
manually by timing a measured volume of flow. This procedure was
favoured since the flow rates were very small and consequently

difficult to measure accurately with conventional instruments.

Temperatures

These measurements were needed to evaluate the energy transfers from
the engine, to establish the thermodynamic state of the charge at the
inlet and exhaust manifolds and for monitoring and control of oil and
emissions sampling temperatures etc. TC Chromel/Alumel, type K
thermocouples and type 16 platinum resistance thermometers in a three
wire configuration were used in conjunction with Comark 6110 and 6800

microprocessor thermometers respectively. All cables were screened.

Data acquisition

To allow for the stochastic nature of engine combustion it is usual to
average the pressure traces over a large number of consecutive cycles;
the less stable the combustion process the more cycles are required to
produce a representative result. The sampling rate is determined by the

event under investigation within the engine cycle; finer resolution is
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necessary for the study of the ignition process, for example, where

conditions change rapidly.

A Biodata, Microlink modular waveform capture system was installed for
fast data acquisition. The main features included a Microlink mainframe
with IEEE-488 interface, power supply and slots for modules, two single
channel 12 bit analogue to digital converters with on-board memory for
64K samples and accepting a maximum sample rate of 125 kHz. A timebase
unit provided all the sample timing, stop and start facilities and
controlled the sample rate. The system was software-driven from an IBM
XT microcomputer which together with the Polytechnic’s Prime 750

mainframe was used for data processing and analysis.

Sampling interval

A sampling interval of 1 degree of crankshaft rotation was selected as
a compromise between the requirements for greater resolution during the
combustion interval, the need for producing a representative ensemble-
averaged cycle with the finite on-board memory capacity of the data
acquisition system and simplicity of data collection. Such a choice

allowed sampling of around 90 consecutive cycles.

Additional instrumentation and experimental facilities installed and
commissioned for the blowby, ambient loss, friction and flow tests are

discussed in Chapters 7 and 9.

2.3 Range of experimental observation

Engines

Two similar prototype engines were available for engine testing: an
engine only unit produced specifically for engine testing and an
engine/compressor unit originally incorporated in a heat pump. Whilst
preliminary parametric investigations were undertaken on the engine
only unit, mechanical problems were encountered which eventually
dictated that the engine/compressor unit be prepared and commissioned
for subsequent testing. The experimental programme reported on in this

thesis was conducted largely on the latter unit although some reference
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is made to the results of the preliminary programme which are detailed
further in References 1.29 and 1.30. Limited testing was also

undertaken on a Ricardo E6 engine.

Combustion chambers

Three distinct combustion systems: the original Task hybrid
arrangement, a bathtub chamber and a high ratio compact chamber were
investigated at wide open throttle over a range of engine speeds, air-
to-fuel ratios, ignition timings and compression ratios. The layout of

these chambers is described in greater detail in Chapter 3.

Excess air ratio

The excess air ratio was increased from around the stoichiometric to
the point at which rough running was observed at the lean mixture
limit, arbitrarily defined as that point at which unburned hydrocarbon
emissions were noted to increase by more than 10% of the steady value
and the load reading to vary by +/- 0.5 N. Mixtures richer than
stoichiometric were not investigated due to the lean burn strategy

favoured in this work.

Engine speed

The engine speed was varied from 1500 to 2100 rpm. Whilst a design
speed of 3000 rpm and a maximum speed of 4500 rpm was specified by Task
for this engine, slower speeds were considered of greater interest
since low frictional losses, noise levels and enhanced durability are
important features of engines for this application. References 1.29 and
1.30 discuss the performance of the engine only unit at speeds up to
3000 rpm.

Ignition timing

The ignition timing was usually set at the minimum advance required for

maximum efficiency although ignition timing scans were also conducted.
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Compression ratio

The effect of changes in compression ratio was studied on the bathtub

chamber over the range 9 to 14:1.
Gas admission

A limited investigation was undertaken into the effects of changes in
the gas admission and mixing system as part of the preliminary
programme, (1.30). The optimum configuration established as part of
that study was used throughout the work conducted on the engine/
compressor unit and is illustrated in Figures 2.1 and 2.3.

Camshaft

Three camshafts (camshafts A, B and C) were supplied by Task Power and
Control Ltd. In response to wear noted on the lobes, a camshaft
manufacturing procedure was established in the Polytechnic workshop and
a replacement camshaft (camshaft D) produced. Figure 2.4 illustrates
the camshaft design and Figure 2.5 the various camshaft profiles.
Replacing camshaft A with camshaft B, Tam, (1.29), noted improvements
in volumetric efficiency of 6% over the complete range of speed which
he attributed to the later exhaust valve closing. The early parametric
tests with the engine only unit were conducted with camshafts B, C, and

D and the later tests on the engine/compressor unit with camshaft D.
Ricardo E6 variasble compressi atio engine

The effect of compression ratio on the rate of combustion was studied
on a Ricardo E6 variable compression engine. These tests were conducted
at a single speed of 1800 rpm with the ignition timing at minimum
advance for maximum efficiency, the weakest mixture for maximum power

and a range of compression ratios from 8 to 16:1.

2.4 Experimental procedure

In addition to the calibration procedures described in Appendix IV, the

following procedures were adhered to during the experimental work.
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Engine configuration

The settings of the valve timing, valve lift, tappet clearances,
compression ratio and spark plug gap were checked with each change in
chamber arrangement or compression ratio. The camshaft profile and
valve timing were measured both after manufacture using a dividing head
and dial test indicator (DTI) and with the camshafg in situ using
crankshaft markings together with a DTI located on the valve retainer.
Compression ratios were estimated by introducing methylated spirits
into the combustion chamber from a burette. A perspex plate together
with silicon grease was used to seal the block/cylinder head interface
and the fluid fed through a hole in the plate. This procedure also
indicated the presence of any sealing problems at the valve/valve seat
face. The tappet clearances were maintained at 0.005 and 0.013 inches
at the inlet and exhaust valves respectively. The spark plug gap was
set to 0.014 inches or 0.02 inches in the case of the original Task
chamber. The oil pressure was maintained at around 30 psi. Testing was
initiated with clean combustion chambers and since natural gas burns

cleanly this condition was preserved for the duration of the programme.

In-cylinder pressure measurement

Calibration of the in-cylinder pressure measuring system was also
undertaken with each change in combustion chamber or compression ratio
setting. This rigorous technique is detailed in Reference 2.3,
Additionally the system was checked for leaks at the transducer
housing, electrical connections were cleaned with tri-chloroethane and
the high tension shielding on the ignition circuit inspected. The
condition of the encoder anti-backlash coupling was inspected
statically and its dynamic operation observed using a stroboscope. Both
the pressure traces and encoder output were displayed continually on a
cathode ray oscilloscope during the tests allowing early indication of

malfunction.

Ignition_ timing

Since the pressure-crankangle calibration procedure requires the

angular displacement of the engine crankshaft to be referenced
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precisely to bdc, the setting and function of the stepper motor-
controlled spark ignition system was conveniently inspected following

each calibration.

Other procedures

Prior to each test the gas analysers, other instrumentation,
lubricating oil and engine coolant were allowed to warm-up for several
hours with the oil and coolant circulating around the engine. During
this period the satisfactory function of the various control mechanisms
and the condition of instrument connections and seals were checked
where necessary. The gas analysers were subsequently calibrated using
zero and span gases and the load cell using the procedure recommended
by Cussons. Other instruments were zeroed. Temperature measuring
systems monitoring the coolant circuit were checked for equal output
with circulating coolant at constant temperature. With the engine
firing, the temperatures within the thermal enclosure and around the
oil and coolant circuits were allowed to stabilise before testing was

conducted. The necessary datawereinput to the Gemini gas flow meter.

During the tests the engine was allowed to stabilise for several
minutes following each change in operating condition. The temperature
of exhaust gas in the sample line was maintained at the recommended
level by varying the amount of lagging on the exhaust manifold
connection. In-cylinder pressure correlated with crankshaft position
was displayed continually on a storage oscilloscope. The values of the
numerous other variables of interest were logged at a sampling rate of
0.17 Hz and displayed continually on the IBM XT microcomputer, together
with calculated values of performance parameters such as thermal
efficiency and operating conditions such as air-to-fuel ratio. The
setting of the air-to-fuel ratio or optimum ignition timing was
achieved using the displayed variables in conjunction with the control
systems. High speed sampling of in-cylinder pressure at 1 degree
intervals and for around 90 consecutive cycles, together with sampling
of the other variables, was undertaken at operating points of interest.
Following capture, the pressure data were down-loaded to the IBM XT
microcomputer with individual cycles displayed sequentially on the

screen for inspection. These, together with the other variables, were
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subsequently down-loaded to the Prime 750 mainframe computer at the
Polytechnic for processing and analysis. Processing and analysis of the

data is detailed in Sections 2.5 and 5.6.

Immediately following each series of tests, with the engine still at
operating temperature, motoring tests were conducted at the relevant
speeds. The gas analysers and load cell were recalibrated to account
for drift.

The experimental procedures followed for the blowby, ambient loss,

friction and flow tests are described in Chapters 7 and 9.

2.5 Performance analysis

It was necessary to develop a computer programme (see Appendix III) to
process the wealth of data generated during the experimental work. This
produced a tabulated output of performance parameters, an energy
balance, operating and design conditions, frictional losses, together
with the raw data. Graphical presentation was subsequently undertaken
using the Quattro spreadsheet, thesedata are included in Appendix II.
The following text outlines the main features of the analysis and the
methods used in calculating the various performance parameters.

Analysis of pressure data is described later in Chapter 5.

Frictional losses

The engine friction and component contributions were calculated from
correlations determined from friction tests together with the
correlations of Bishop, (2.4) and the SAE J816b standard, (2.5), for

comparative purposes.

Gas _quality

Gas quality data applicable to the local area on the dates of testing
were kindly supplied by R.J. Wadsworth of British Gas. A sample
analysis is presented in Appendix IV and includes gas composition,

density and calorific values.
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Excess air ratio

The mixture strength was evaluated both from the measured exhaust gas
analysis according to the method of Spindt, (2.6), together with gas
quality data applicable to the test date, and from the observed gas and

wet air flows.

Brake_ power

Where appropriate, the brake power was corrected to reference
conditions according to the SAE J1349 standard, (2.7), to account for
differences in the pressure, temperature and humidity of the incoming

air between test conditions.

Sensible enthalpy of exhaust gas

The composition and properties of low temperature combustion products
were determined according to a method described in Reference 2.8. For
the lean or stoichiometric case four product species are considered,

the combustion reaction is:

COCO,H;,O,.V& + 0.21024 0.79N; — 1 ,CO; + vo H,O + v3 Ny 41,0,

Atom balancing is sufficient to yield the product coefficients. The
fuel-to-air equivalence ratio is known from exhaust analysis and the

fuel composition (a, B, 7, &) from gas quality data.

Specific heats and enthalpies of component species are curve fitted to
polynomials in temperature according to Gordon and McBride (cited in
2.8). The appropriate temperatures are measured and atmospheric

pressure is assumed.
Ener oss through incomplet bust

A gas chromatograph analysis of various samples of exhaust gas kindly
undertaken by British Gas research station at Watson House showed the
unburned hydrocarbon concentration to be composed of almost entirely
methane at around 90% by volume (see sample analysis Appendix V). A

relationship was subsequently developed to express the measured
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concentration of unburned hydrocarbons in the exhaust, assumed on the

above basis at 100% methane, as a fraction of the incoming fuel energy.

Energy loss at the gas analyser

The energy loss at the analyser was calculated from the measured sample
flow rate and temperature together with the thermodynamic properties of

exhaust gas.

Energy loss to blowby

Mass loss to blowby during the experimental programme was estimated at
each operating point based on a speed correlation determined from
blowby measurements (see Section 7.5). In the absence of experimental
data the proportion of reactants to products within the blowby was set
to a nominal value of 0.6 consistent with previous studies, (2.9). The
energy loss then comprised the chemical energy of the unburned fuel
together with the enthalpies of air, gas and products referred to

standard conditions.
0il heat transfer

The oil heat transfer was determined from measurements of the flow rate
through the remote gear type oil pump in conjunction with the measured
oil temperatures at engine inlet and outlet and appropriate
thermodynamic properties. Inspection of the early test data showed that
this quantity was small and remained substantially unchanged as
operating conditions were varied; accordingly, subsequent heat
transfers were based on representative values from the earlier work.

The oil temperatures were however continuously monitored.
Volumetric efficiency
The following definition was used:

actual mass of dry air and gas inducted

Nvol =

max. mass of wet air and gas inducted at manifold conditions
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Specific emissions

Calculations were included to normalise emissions to a g/h basis
according to SAE J1088, (2.10), and Spindt, (2.6). Indicators were then
developed (g/kWh basis) to relate mass emission rates to the sum of
power output and reclaimed heat for CHP assessment and to the heat

output from a heat pump assuming a COP of 3.
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Plate 2.1 Engine and test facility.
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CHAPTER 3 - PROTOTYPE DEVELOPMENT

Summary

This chapter details some necessary modifications made to the engine
arising from problems encountered during the proving procedure. The
design and production of two new cylinder heads is discussed together

with the geometry of the combustion chambers investigated in the study.
3.1 General modifications

A number of changes and modifications were made to the engine in
addition to those originally anticipated to be necessary to fulfil this
programme of work. These arose through the normal proving procedure
associated with prototype engines as around 180 hours of operating
experience accrued. Whilst the engine design evolved accordingly, such
work added greatly to the complications of running an experimental

programme.

Gas sealing problems were encountered due to the proximity of the
coolant passageways with the cylinder bore. The design of the original
Corruseal-type steel cylinder head gasket was modified and a number of
alternative materials including copper-asbestos sandwich and solid
copper were investigated. The solid copper gasket was found the most
suitable, with the additional advantages of a simple production
technique and the potential to vary the compression ratio easily by
changes in gasket thickness. The required dimensions were achieved

through a cold rolling and annealing process.

Excessive mechanical noise in the bottom end of the engine was traced
to a misalignment in the connecting rod, excessive end float on the
crankshaft and wear in the dummy shaft coupling. Remedial work to both
components was undertaken; the end float was reduced with a thrust
washer and the journals reground. Should further development of the
engine occur a more robust shaft coupling, possibly incorporating a
conventional splined fitting, would be desirable to enhance
reliability. The arrangement of the present coupling is detailed in

Figure 3.1. Solely on the grounds of logistics further modifications
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are required to the connecting rod since the current big end bearings
are now obsolete without a suitable replacement evident in the
manufacturing literature. Some progress has been made on the
manufacture of a prototype connecting rod using a replacement bearing
set of the appropriate dimensions (part no. GS 2529 SA). The state of

production is illustrated in Plate 3.1.

In response to wear noted on the original camshaft lobes and to allow
flexibility in specifying valve timings and profiles, a camshaft
manufacturing procedure was established in the Polytechnic workshop and
a replacement camshaft (camshaft D) produced. Whilst the finer detail
of such procedures and the effects of valve timing on engine
performance are outside the scope of this work, the camshaft was
manufactured from EN24 through hardening steel using a Bridgeport CNC
vertical milling machine with a T cutter. Co-ordinates for the 3 arc
cam profile were generated from a knowledge of the desired 1ift, flank
and ramp angles together with the base radius and ramp velocity. Figure

2.4 details the camshaft design and Figure 2.5 the camshaft profiles.

Other minor modifications were made to the exhaust silencing system, to
the lubrication system - incorporating full flow filtering and a

crankcase breather was found necessary to reduce crankcase pressure.

3.2 cCylinder head

The most significant engine modifications undertaken were the design of
alternative cylinder heads. Two additional units and a perspex
prototype were manufactured. Plate 3.2 illustrates the original
cylinder head and Plate 3.3 the revised design. Dimensional detail is

included in Figures 3.2 and 3.3.

The original cylinder head is a hybrid configuration with side inlet
and overhead exhaust valves and a compression ratio setting of around
9:1. The revised designs incorporate an overhead valve arrangement,
compact combustion configurations based on the bathtub and high ratio
compact chamber (Hrcc) layouts, and a nominal compression ratio of
around 13:1. The original camshaft position was retained and used with

push rods and offset rockers.
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The main considerations in the design of the new cylinder heads were:

(1) Meeting the spatial arrangement of components on the existing
block.

(ii) Producing a compact combustion chamber with low surface area-to-
volume ratio to reduce heat loss, the flame travel path and to promote

squish.

(iii) An inlet system design which would allow the incorporation of
various amounts of swirl and turbulence to promote a fast burn without

too great a loss in volumetric efficiency.
(iv) Space in the combustion chamber for instrumentation.

(v) A design which allows different combustion geometries to be

examined.

Initially the perspex prototype was produced which allowed both
quantitative and qualitative assessment of the design and established a

production procedure including tooling, jigs etc.

Where possible, commercially available components were used in the
design and these included Honda valves, springs and guides with Well
Tight valve seats. Inlet valves were 22 mm in diameter giving an inlet
Mach index of around 0.35 at 35 rev/sec. Valve seat material comprised
a nickel/chrome alloy (40% nickel, 12% chrome) especially developed for
natural gas burning applications. Other components such as push rods,
cam followers, rocker shaft and rockers required manufacture and
subsequent heat treatment. A small, 10 mm diameter, Champion G61 spark
plug was selected to conform with the spatial arrangement of other
cylinder head components. Honda valve stem oil seals were subsequently
included in the design to reduce the high levels of unburned

hydrocarbons occurring through oil leakage at the valve guides.
Whilst the necessary chamber layouts could have been achieved with a

single cylinder head using insert and spacer arrangements it was

considered prudent to manufacture a spare cylinder head. Furthermore,
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this reduced engine down time when modifying combustion configurations
and allowed a more flexible approach to design. The Honda valves were
unsuitable for use in the Hrcc configuration since the inlet and
exhaust valve stem lengths vary with the change in combustion chamber
depth. The valves used were machined from forging blanks to replicate
the head geometry of the Honda valves referred to above. The forgings
were a silicon and chromium based steel alloy normally used in exhaust

applications and were kindly supplied by Mantro Engineering.

The cylinder heads were machined from Fortal STS cast tooling plate
high strength aluminium alloy for ease of manufacture and good
resistance to thermal and mechanical stresses. Coolant enters the head
from the original passage in the block and is supplied through

drillings to areas of high temperature.

Combustion chamber geometries

The three geometries are illustrated in Figures 3.4 - 3.6. The
arrangement of the original configuration (code TaskII) is
characterised by a long flame travel path and high surface area-to-
volume ratio which tend to increase heat loss and burn duration. ‘The
squish area is high however, corresponding to the sectional area of the
bore. Additionally its design does not allow a high enough compression
ratio, at 9:1, to take full advantage of the detonation characteristics

of natural gas.

Compared to the original arrangement, the bathtub configuration (code
3-2) is considerably more compact although the squish area is
diminished. The flame travel path is reduced both from chamber
compactness and the centrally located side ignition. A nominal
compression ratio of 13:1 was adjusted by the use of gaskets of

differing thickness.

The high ratio compact chamber was considered worthy of investigation
since it has been reported to be suited to higher compression ratios
and lean mixture operation. With this type of arrangement, the inlet
and exhaust valves are seated at different depths producing a stepped

combustion chamber with the majority of the volume situated under the
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exhaust valve. This particular configuration incorporates a high degree

of squish/compactness,

In both the new cylinder heads the inlet valves are offset from the
bore centre line, potentially generating swirl by a directed outflow
from the valves. In the Hrcc arrangement the inlet tract is offset from
both the valve and cylinder centre lines forming a helical pre-chamber
above the valve seat. A rotating, internally-tapered sleeve 1is
incorporated within the port which allows the amount of swirl to be
varied. This latter configuration consequently combines the features of
both directed and helical ports. In the configurations applicable to
data reported in this work however, the level of swirl is slight for
all the chambers (see Chapter 9).

When comparing the effects of chamber arrangement it is essential to
keep the volumetric efficiency constant at a given operating condition.
Accordingly, the valve timing, geometry and lift remained unchanged
throughout the test programme. Whilst some differences in port geometry
were unavoidable, particularly when replacing the hybrid valve layout
of the original configuration or including directed and helical port
features in the Hrcec arrangement, the effect of these on the volumetric
efficiency was anticipated to be moderate, in light of measurements
made on the steady state flow rig (see Chapter 9) and the early
parametric investigations. Such assumptions were subsequently justified
as the experimental evidence accrued. Volumetric efficiencies are

presented in Appendix II.
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Figure 3.1 Crankshaft and coupling assembly.
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Plate 3.2 The original Task cylinder head.

Plate 3.1 Replacement connecting rod.



Plate 3.3 The revised cylinder head design.
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CHAPTER 4 - COMPUTER SIMULATION

Summary

Previous studies of combustion and engine heat transfer processes
together with modelling techniques of relevance to this work are
reviewed in the following pages. The chapter concludes with a
description of the structure of a closed cycle thermodynamic engine
model and phenomenological sub-models synthesised as part of this

study.

4.1 The combustion process

This highly complicated phenomenon is extensively documented in reviews
such as References 2.8, 2.9 and 4.1 and currently retains a high
profile in many research programmes. It is illuminating, however, at
the outset to relate briefly some relevant aspects of the process and
hence clarify the contextual framework for this and the following
chapter. Qualitative analysis of the shape and growth of the reaction
zone has arisen through the application of direct high speed
photographic techniques to the combustion chamber with optical access
achieved through quartz windows located in the cylinder head or piston
crown, (4.2 - 4.4). These studies indicate that a highly convoluted
flame front propagates outwards from the spark plug approximately
spherical in shape until truncated by the cylinder wall. Due to the
appreciable density ratio between the unburned and burned gases (around
4) significant unburned charge remains when the combustion space is
almost completely enflamed; typically 502 remaining at 75X% enflamed,
(4.2). More sophisticated photographic methods sensitive to density
variations in the charge such as schlieren or laser shadowgraph have
provided additional information on the structure of the propagating
flame, (4.5 - 4.10). Such studies have indicated that combustion is
initiated with a small approximately spherical developing flame kernel
of smooth surface containing high temperature gases. As the developing
kernel expands away from the spark plug however, the turbulent nature
of the flow within the chamber distorts the surface producing
irregularities and also influences bodily movement through convective

processes which can vary substantially between cycles, (4.5 and 4.11).
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The evidence suggests that the growing flame is a wrinkled thin
reaction sheet with thickness of the order of 0.1 mm separating burned
and unburned gases, which moves through the chamber becoming
increasingly wrinkled and convoluted but with diminishing scale,
forming a turbulent ’‘brush’ with thickness of the order of 5 to 10 mm,
(4.5, 4.8, 4.12). Additionally, the evidence suggests that the scale of
these wrinkles is dependent on a turbulent Reynolds number, (4.9,
4.10).

Flame development

A previous study, (4.13), concluded that the development of the flame
follows four distinct stages; ignition and kernel growth, flame

development, fully developed propagation and flame termination.

Johns, (4.14), following Chomiak, (4.15), refers to other features
within the ignition and kernel growth period; a heat transfer period
succeeding the spark where a cylindrical column of gas between the
spark plug electrodes is heated to the self-ignition temperature and
instantaneous self ignition of the gas, followed by a period during
which the flame kernel is consolidated leading to the establishment of

a self-propagating turbulent flame.

Numerous studies cited in Reference 4.16 and Reference 4.15 describe
the very early stage of the ignition and kernel growth period as highly
repeatable, possibly corresponding to a laminar flame growth. Chomiak,
(4.15), found no dependence on turbulence, flow velocity, or mixture
strength, Hirao and Kim (cited in Reference 4.16), no dependence on
spark location or timing. Conversely, the subsequent period of kernel
growth has been found to be highly irregular and to have a marked
effect on burn rates in the fully developed period; it is thought to be
responsible for the stochastic nature of the combustion process. The
rate of flame propagation in the fully developed period has been found
to be dependent on the duration of the ignition and kernel growth
period; rapid rates of combustion associated with shorter ignition and

kernel growth stages, (4.14, 4.17).
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4.2 Combustion modelling

Despite the considerable effort directed towards a theoretical
understanding of the combustion process, particularly stimulated in
recent years by the desire for clean and thermally efficient engines,
the extreme complexity of the mechanisms and processes described above
and the difficulty associated with obtaining reliable and detailed
measurements in the hostile environment of the combustion chamber has
precluded a complete and fundamental insight and hence predictive

capability is presently limited.

Whilst the underlying fundamental concepts are the goal of continuing
and extensive research, a substantial body of information, mostly with
reference to petrol-fuelled engines, has been generated over the years
which has been used to develop simplified theoretical models
incorporating empirically derived relationships or ad hoc

approximations.

Contemporary modelling techniques fall into two main categories: the
zero-dimensional models whose analytical structure emphasises an energy
conservation approach where time is the single independent variable and
the multi-dimensional models which emphasise the influence of a three-
dimensional turbulent flow field on the combustion process. The zero-
dimensional approach is currently applied to petrol-fuelled engines,
where parametric studies of the combustion process are undertaken, and
to engine design and development. Since the flow field is only
partially represented such models require calibration to establish
engine-specific constants. They are therefore of limited value for the
study of changes in combustion chamber shape or inlet geometry,
although Reference 4.18, for example, details an extensive
investigation into the effects of the former. The multi-dimensional
approach is currently the subject of ongoing and extensive research and
attempts to provide both spatial and temporal resolution of
thermodynamic properties, gas velocities and chemical species. The
approach is presently restricted by limited knowledge of the
fundamental concepts of combustion, lack of quality benchmark data -
particularly related to the simultaneous measurements of flame speed

and flow properties, (4.23), and computer storage facilities.
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The zero-dimensional technique requires further detail in the form of
sub-models to simulate such processes as the burn rate, turbulence,
heat transfer, emissions and the geometry and interaction of the

propagating flame with the confining walls of the combustion chamber.

4.2.1 Turbulence intensity

Ensemble averaging is commonly used to quantify the periodic flow
encountered in internal combustion engines. The ensemble-averaged
velocity, i, is defined as the mean velocity of a component of the

flow, u;, at a given spatial and crankshaft position over a number of

engine cycles, N:

lN
ui(z,0) = = Eu.(zﬂj

J=1

’

An instantaneous turbulent fluctuation, u;, within a given cycle is

then defined associated with that spatial and crankshaft position:

u,'(l', 0’]) = ﬁi(zaa) + u,’-(x, 07-7)

The magnitude of the turbulent fluctuation is quantified by the

turbulence intensity, u!:

1/2
ui(z,0) = [ Zu T 0,])]

Jj=1

Measurements of turbulence intensity

Induction-generated turbulence is known to decay following the closure
of the inlet valve and in simple combustion arrangements incorporating
disc chambers and flat topped pistons this condition persists
throughout the compression stroke, (4.19). From the perspective of
combustion modelling the turbulence intensity close to tdc on the
compression stroke is of particular interest. A linear relationship for
quiescent configurations with mean piston speed has been reported by
numerous studies cited in References 4.19 - 4.23, the constant of

proportionality varying from 0.3 to 0.5, viz.:
Uy = aS’p

with turbulence nearly homogeneous and isotropic, (4.19).
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The promotion of swirl - vortices with axes parallel to that of the
cylinder - through induction arrangement has been found however, to
both enhance and reduce the turbulence intensity close to tdc, (4.24,
4.25) and a positive effect has been achieved through reduced valve
lift, (4.26). Whilst it might be expected that rapid compression of the
unburned charge during combustion may effect enhanced turbulence
intensity in the unconsumed mixture, Gosman, (4.23), cites conflicting

evidence for such a mechanism.

4.2.2 Burn rate

Gosman, (4.23), classified the main approaches to simulating the burn

rate as follows:

(i) The mass consumed varies as a prescribed function of crankangle.
(ii) Assuming the process is chemical-kinetically controlled and the
volumetric fuel consumption rate varies according to a classical

Arrhenius type relation.

(iii) Correlating the turbulent flame propagation speed to the laminar

flame speed and turbulence intensity using empirical data.
(iv) Using a theoretically based turbulent combustion model.

In the first category are those relationships of Weibe, (4.27), and the

cosine function, respectively:

r=1- exp{—al(68-8)/8]""} . =1 {l— cos[(6—8,)/0m)]}

R

The predictive capability of such a technique is limited since the burn
rate is dependent on operating and design variables. It is therefore,
only appropriate where the objectives of the study are not critically
dependent on the rate of heat release or are satisfied by a range of
assumed profiles. Extended application has been achieved by correlating
the shape parameter, 2, with operating variables allowing interpolation

between measurement points for a given combustion chamber, (4.14).
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A commonly used approach is to correlate the turbulent flame
propagation speed with properties of the flow field and the laminar
flame speed, a relationship typically of the form:

St
—=a+bu
Sy ‘
known as the flame speed ratio, FSR, where a and b are engine-specific
constants and the turbulence intensity is taken to be proportional to
engine speed, consistent with observation. Typical values of the
constants for various engines are detailed in References 4.18, 4.28 and

1.58 and are of a similar order (a =1, b = 0.002).

Alternative formulations, for example Reference 4.29, relate the
turbulence intensity to an engine Reynolds number based on the mean jet

velocity through the induction valve:

u, = f{Re}

Observation has shown that the FSR varies throughout the combustion
process, (4.13), and hence a consequence of such cofrelations is that
they inadequately represent the flame development and flame termination
stages where the flame speed ratio varies markedly. Theoretically or
empirically based or ad hoc corrections have been applied to the FSR in
these stages of flame propagation, (4.13, 4.18, 4.29). Further
refinements to the FSR incorporate the scale of turbulence, (4.28,
4.30).

Turbulent entrainment models are distinguished from the previous
approaches in that they attempt to simulate features of a turbulent
combustion process from purely fundamental theoretical considerations.
Tabaczynski, (4.20), describes their utility as ’'a compromise between
the global nature of the thermodynamic model and the specificity of the

multi-dimensional models’.

Such a model was first proposed by Blizard and Keck, (4.31), and later
refined in Reference 4.32. The original formulation was extended by
Tabaczynski, (4.20), incorporating a more detailed eddy structure and

refinements to the entrainment velocity assumptions.
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An idealised spatially homogeneous, isotropic and coherent turbulent
structure is assumed to exist in the combustion space. Figure 4.1
illustrates the coherent structure of a single turbulent eddy and the

three length scales used to define the turbulence structure.

The integral length scale, L, defines the characteristic size of the

large scale turbulent structure.

The Kolmogorov scale, 17, defines the scale of the vortex tubes. Highly
dissipative regions or vortex tubes of Kolmogorov thickness are assumed
to be associated with the luminous reaction zone in a turbulent flame
in which chemical reactions are assumed instantaneous. Ignition sites
are assumed to propagate along the vortex tubes at a rate governed by
convective and diffusive processes - the turbulence intensity and

laminar flame speed respectively.

The Taylor microscale, A, is defined as the spacing of the spaghetti-
like vortex tubes and describes the internal structure of an eddy; at

this scale laminar combustion predominates.

A characteristic reaction time, 7., is defined for the microscale as
the time required to burn a cell of size, A, at the laminar flame
speed:
A
Te = =
[ Sl
The Taylor microscale is related to the macroscale and a turbulent
Reynolds number, Re,, through the relationship for isotropic

turbulence:

1/2
%: (%) (Ret)'1/2 where Re = %

and A is a constant equal to 1.
The eddy geometry is assumed approximately spherical with ignition

occurring centrally and ignition sites propagating radially outwards

along the vortex tubes.
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A simplified relationship based on a numerical correlation is pPresented

for the eddy burnup time, 7 :

L\3 A3
T = -—) 1.8( =
(Ug (S[)
An entrainment front is described as the surface which separates a
region of burned, burning and unburned gas from a region of unburned
gas. Propagation of the flame through the chamber is governed by two
processes: (i) Entrainment of unburned charge by the flame according

to:

me = PupbueAe

where U, is an entrainment velocity and A, the area of the entrainment
front. (ii) Burning of the entrained charge at a rate proportional to

the mass of unburned charge within the entrainment front according to:
1y = (me — ms) /7

In a later work, (4.33), the model is extended to improve the
transition from flame development to fully developed flame propagation.
Unburned charge is entrained into the flame front at a velocity
comprising a convective component, the turbulence intensity, and a

diffusive component, the laminar flame speed according to:
Thc = puAe(ut + Sl)

Subsequent inward burning of discrete cellular volumes of entrained
charge occurs within the front from peripheral ignition sites at the

laminar flame speed according to:

Application of the model is simplified by a number of assumptions. The
entrainment velocity is taken to be proportional to the turbulence
intensity. At the time of the spark the turbulence intensity is assumed
proportional to the mean piston speed and the integral scale
proportional to the chamber height. Both variables are subsequently

governed by the conservation of angular momentum. In Reference 4.20
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this applies to the charge following 1% mass consumed and in Reference

4.33 after the passing of the spark, viz.:

1/3 \ 1/3
up = uy (f’—) , L=1L, (”—)
. Pi Pu

where subscript ¢ refers to quantities evaluated at either ignition or

1% mass consumed.

Extensive validation of the Blizard and Keck model is detailed in
Reference 4.34 and that of Tabaczynski et al. in Reference 4.30.

4,2.3 Geometry of the expanding flame front

In the zero-dimensional approach the flame front is assumed to
propagate spherically, truncated by the chamber walls with the centre
based at the source of ignition. With the radius of the expanding flame
front specified and for chambers with simple geometries, relationships
have been derived from purely geometrical considerations to describe
the surface area of the expanding flame front and burned gas areas in

contact with the cylinder head, walls and piston crown (4.18).
4.2.4 Heat transfer

The heat transferred from the working fluid to the engine cylinder
varies appreciably with time and position according to the spatial and
temporal variations in temperature, pressure, chemical species and gas
velocities, together with large changes in surface area due to piston
motion. The controlling mechanisms are those of convection and
radiation and the rapid time rate of change in the gas temperature. The
variance is such that both measurement and modelling prove extremely
difficult. Notwithstanding, progress in engine development and cycle
simulation benefits from the assumption of spatially averaged temporal

values.

In the study of convective heat transfer under steady flow conditions a

heat transfer coefficient is defined as:
T A(T-T.)
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and through the dimensionless groups for the forced convective

condition according to:

Nu = a(Re)®

With the assumption of quasi-steady flow, this concept is extended to
an instantaneous heat transfer rate based on momentary values of both
temperature difference and areas for the study of convective heat
transfer in the engine cylinder. In a review of previous work, however,
experimental evidence was cited to raise a fundamental objectioa to
this approach. Due to the heat capacity of the fluid a time lag exists
between the driving temperature difference and the heat transfer rate -
implying an infinite value for the heat transfer coefficient at

instants of zero temperature difference, (4.35).

Since the radiative component of the heat transfer in the spark-
ignition engine is small, at around 5 to 10X of the convective, (2.8,
2.9), it is usually considered in lumped form or alternatively as a

separate term based on a simplified approach, (4.35), according to:

0= AdT* - T)

where ¢ is a constant.

In an extensive review of previous work, Annand, (4.35), concluded that
the available formulae for predicting engine heat transfer were limited
empirical relationships, defective both theoretically and
dimensionally. Maintaining the quasi-steady state assumption on the
grounds that heat transfer is small when the apparent heat transfer
coefficient varies dramatically, he proposed an empirical relationship
intended to account separately for both convective and radiative forms
of heat transfer whose terms included the constants a and b to be

evaluated for a given engine:

9 - Z(ReP(T - T) + (T* - T2)

where T is the bulk gas temperature and h is evaluated through:
Nu = a(Re)®

0.35<a<0.8, b=0.7
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Woschni, (4.37), pointed out in a later review that for a given engine
operating condition previous formulae, including that of Annand, gave
widely varying results for closed cycle engine heat transfer. This he
attributed largely to the erroneous application of a relationship
derived from tests using a spherical bomb, where free convective
conditions prevail. This relationship had been used by earlier workers
together with lumped parameters or terms to describe the influence of
piston motion and radiative effects, a typical example being that of
Eichelberg, (4.38), which is still commonly used. Woschni proposed that
the conditions within the chamber are more accurately described by an
expression which considers forced convection in turbulent fluid flow,
introducing a further term to account for convection induced by
combustion. Radiative heat transfer is considered to be minimal and
accounted for as a lumped parameter. The expression takes the following

form:

Nu = 0.035(Re)"®

where the bore is the characteristic length and the average gas
velocity is based on the mean piston speed together with an additional

term to account for the effects of combustion.

The review of Woschni was succeeded by that of Hassan, (4.39), who also
indicated inconsistency in previous formulae through a process of
dimensional analysis. Using instantaneous measurements of gas and wall
temperatures, gas velocity and gas pressure over the engine cycle in a
series of motoring tests, correlations were produced however which
supported the use of the Nusselt, Reynolds number relationship used in
steady state forced convective heat transfer over flat plates or
through pipes, confirming the functional form of the convective terms

used for example by Woschni, (4.37).

Rao and Bardon, (4.40), attributed the inconsistency between the
relationships to the unrealistic attempt to ascribe single
representative values to the velocity and scale of turbulent fluid flow
within the engine cylinder and proposed that the heat transfer
coefficient be related to a more readily defined characteristic of flow

such as the turbulence intensity, according to:

h = 0.058 pcpus;
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A recent study on a motored compression ignition engine, (4.41), has
reported significant heat transfer when the bulk gas and wall
temperatures are of equal values. Also, during expansion, heat transfer
from the wall to the gas was noted when the bulk gas temperature
greatly exceeded that of the former. This was attributed to non-steady
heat transfer and the interaction of temperature gradients within the
bulk gas and the boundary layer where temperatures in the former are
controlled by gas compression and in the latter by a diffusive
mechanism. A simple modification to the expression of Annand was
proposed to allow for these effects:
% = % a(Re)*(T, — Tu) — 2.T5LT,} + co(T} — T3)

where a, band ¢ are constants, Tg is the bulk gas temperature and L is

a compressibility number.

4.3 Details of the engine model

4.3.1 Introduction

The closed cycle simulation synthesised as part of this study is based
on a thermodynamic or zero-dimensional approach, incorporating a two-
zone combustion model with the heat release specified as a prescribed
function of crankangle based on experimental data correlated to the
Weibe function, (4.27) and a flame development period specified
according to the turbulent entrainment model of Hires et al., (4.30).
The heat loss is calculated using a spatially-averaged instantaneous
heat transfer coefficient based on both the Woschni, (4.37) and
Eichelberg, (4.38), correlations. Compositions of equilibrium
combustion products are determined using the method of Olikara and
Borman, (4.42). Estimates of frictional loss are achieved through a
synthesis of the correlations of Bishop, (2.4), Taylor, (4.43) and
Millington, (4.44), or through correlations obtained from motoring
tests with the engine in various stages of disassembly. Mass loss
varies with engine speed and piston position according to a simple
functional relationship calibrated from data obtained from blowby
measurements. During compression the working fluid comprises a mixture

of fuel, air and residual gas. Simultaneous integration of the set of
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ordinary differential equations describing the rate of change of
cylinder pressure, temperatures of burned and unburned zones, work,
heat transfer and enthalpy loss with respect to crankangle is through

the NAG library of numerical routines.

Major assumptions

During compression and combustion the unburned charge is regarded as a
homogeneous mixture of air, fuel and residual gas at uniform pressure
and temperature which behaves as a perfect gas with variable specific

heats.

Combustion products are governed by chemical equilibria and are
regarded as a homogeneous mixture at uniform pressure and temperature.

The pressures of the burned and unburned zones are equal.

4.3.2 Formulation of equations

Application of the First Law of Thermodynamics to the control volume
enclosing the cylinder contents with consideration to mass loss:

du dm dQ dV Thlhl

— et _p—

m— =
#t Ve T w
Treating the unburned gas as an open system losing mass via leakage and
combustion:

ds,

—Qy = wm(l — 2)T, T

Using the instantaneous mass leakage rate, m; and defining a blowby

constant, C,:

Defining the mass fraction of cylinder contents that have been burned:

= g —al(0 - (+1)
x—mb+mu—1 exp{ al(0-90,)/0,)" }
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Assuming the enthalpy loss is related to the burned fractional mass

according to:

by =(1—z2Y)h, + 2%,
The specific internal energy of the system is :
U
u=—=zu+ (1 - z)u,
m

and

du,

do

d
—=z— +(1-2z) +(ub—uu)£

The specific volume is given by:

v=K=:cvb+(l—:c)vu
m

and

dvy ds

40 + (vb - vu)—

—=z— + (1 -z) 7

Writing the functional relationships between the specific volume,
specific internal energy and specific entropy of the gas with the

cylinder pressure and temperature as:

vy = vp( P, T})
vy = vy(P, Ty)
uy = up(P, T})
uy = uy(P, Ty)
su = su(P,T4)
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Differentiating with respect to crankangle and introducing logarithmic
derivatives:

dv, v,0lnv,dTl, v,dlnv,dP

—

dd ~ T,0lnT,dd ' POlnP df

dv, v,0lnv,dT, v,0lnv,dP

—

d0 ~T.0InT, d0 T PP do

@E_ . _&Ealnvb é_@_ 6lnvb+6lnvb _c_lf
d  \F*T 7T, InT,) 40 ~ *\BInT, * 9InP ) d8

du, _ . _Pvu(?lnvu dTu__ 81nvu+31nvu dpP
@ \P* T T, 8mT,) 48 "“\BmT, 9P/ do

T.

ds, (Cpu) dT, v, dlnv, E

d9 49 T,0InT, do

Assigning equal values for the heat transfer coefficient in the burned

and unburned zones and neglecting heat transfer between the zones:

% = _f' = _wa_ Qu =h [Ab(Tb - Tw) - Au(Tu - Tw)] /w

where the areas of burned and unburned zones are assumed to be:

_ (7P 4V 4V 1/2
Ab—(T-l-b).‘C s A, = 2+b l1—-1z

From geometric considerations the cylinder volume at any crankangle is

given by:

r—1

V=V [l + 5 {1 — cosf + %[1 -(1- e’sin20)1/2]}]
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The above relationships can be manipulated into standard form for

simultaneous numerical integration, viz.:

1 (dV VC
A-z(w*v)

(%)
_ 2 b Uy dln Uy 1/2Tb T Uy 6,ln Vy 1/2 Tu - Tw
B=h—0 [cm, Iy R TR Thy S s

_ 2
C= (v dz Blnvbh hy [dx (z z)C]

u)ﬁ aln Tb chTb db w

D=z

v [(Olny 2 v dIn v,
chTb alnTb POlnP

v (dlnv,\’ v,0lnv,
E=1-2) [c}:u (61nT) +'13'alnp]

dP _A+B+C

49  D+E
7?4V |
— R /2
a7y h<2 * b) T - T)+_v_é_alnvb (A+B+C)
de ~— WMceppT cpp0InT, D+ FE

t zcpy [dO—(z z)w]

7rb2 4V 1/2
dT,,_"h<2 )(1 L -T) g, (A+B+C)

o wmepy(l — z) aalnTu D+ F
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2 23 (e ) i - 1) + (- (T - )

i, _ Cm

_ .2 2
T » (1-z°)h, +z hb]

Specification of the outstanding thermodynamic and transport
properties, logarithmic derivatives together with the heat transfer
coefficient and initial conditions required for the solution of the

above equations is described in the following sections.

Further details of the method including a programme listing are

described in Reference 2.8.
4.3.3 Burn rate

The heat-release profile was specified according to the Weibe, (4.27),

function:

z=1- exp{=al(6-6.)/8 """}

In the calculation of heat-release profiles from experimental pressure
data a number of previous studies, (4.14, 4.18, 4.45), have reported
maximum fractional mass burned within the range 70 to 90%. This has
been attributed to cyclic dispersion, flame quenching and inaccuracies
in measurement or assumptions within the heat release calculations.
Addressing the effects of such experimental errors and theoretical
assumptions, Peters and Borman, (4.46), concluded that the maximum
fractional mass consumed is most sensitive to errors in the inducted
mass and absolute pressure reference, with weak dependence on residual
fraction assumptions, the pressure-crankangle phasing, the heat
transfer correlation, burned gas dissociation and the assignment of

uniform burned gas temperature. The effects of significant errors in
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this work are discussed in Chapter 6. A normalised fractional mass

burned curve was defined:

3 =1- exp{~a[(6-0,)/6)*"}

The normalised function was achieved using the measured values of
hydrocarbon emissions, an estimation for blowby based on experimental
data together with an assumption of the magnitude of post-combustion
hydrocarbon oxidation levels:

z

3= 1 — uhc — oxidation — blowby

Using rapid gas sampling techniques, post-combustion hydrocarbons
within engine cylinders have been measured at one and a half to twice
the level of average exhaust concentrations, (4.4‘7, 4.48). Based on
these observations and the experimental hydrocarbon analysis, the
magnitude of post-combustion oxidation was set to a representative
value of 0.06.

4.3.4 Flame development

The incorporation of a flame development model coupled with that of
main stage combustion is of particular interest in combustion analysis
and has utility for an overall heat pump simulation. Providing the main
stage combustion can be modelled adequately from empirically derived
correlations describing the change in the shape and duration factors
with operating conditions, greater flexibility in specifying heat
release timing is provided. Clearly predictive capability is limited to
the envelope between measurements or operating points, however, there
is potential to describe engine performance in a form analogous to, but
extended from, the nomograph or engine map. Furthermore, such models
assist the understanding of the mechanisms involved in flame
development and close agreement between generalised relationships and

experimental data support the quality of the latter.
The flame development period was modelled according to the turbulent

entrainment approach detailed in References 4.20 and 4.30 and reviewed

in Section 4.2.2.
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Formulation of equations

The solution of a second order differential equation describing the
burning process of a single turbulent eddy produces the following

correlation for two dimensionless parameters:

r* = 1.8¢*3
where:
Ty Te
T"=— and e=-—
TC TC

Ty is the characteristic reaction time to burn the mass of an eddy of

characteristic size L, the integral scale.

L
Te 1s the eddy half life, 7. = o
t

A
T.is the characteristic chemical reaction time, Tc = -3-
!
Substitution of the above relationships for the dimensionless

parameters, 7' and € gives the characteristic reaction time to burn a

turbulent eddy of characteristic size L:

L 1/3 A 2/3
H={— 18 =
b <U¢) (S{)
Assuming that the flame development stage is completed at 1% mass

consumed and that this is proportional to the characteristic reaction

time:

04 = C17p

Using the relationship for isotropic turbulence:

where the value of the constant A is 1 and Re; is the turbulent

Reynolds number:
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Assuming that the integral scale and turbulence intensity are
proportional to the instantaneous chamber height, h, and mean piston

speed respectively:

L=Ch and u;=CsS,

The flame development period can be written as:

2/3
04 = C(gp")lls (i)
Sy

where C is an engine-specific constant to be evaluated, stated to be

independent of operating conditions, and:

h - instantaneous chamber height (m)

Si - laminar flame speed (m/s)

Sp - mean piston speed (m/s)

f; - flame development period (degrees)
vV - kinematic viscosity (mz/s)

Whilst such turbulent entrainment models have been validated over a
wide range of operating conditions with petrol-fuelled engines, (4.30),
there is no evidence of a similar study with a natural gas-fuelled
engine. Such study is of value not only with respect to the difference
in fuel type but also in the light of the higher compression ratios and
very weak mixture strengths utilised, since these variables influence
the characteristic reaction time through the laminar flame speed and

integral scale dependency.

4.3.5 Heat transfer

Heat transfer was modelled using the instantaneous, spatially-averaged
correlation of Woschni, (4.37), based on the empirical relationship
appropriate to forced convection in turbulent flow in pipes or over

flat plates:
Nu = 0.035(Re)?8

where the bore is taken to be the characteristic length and the

velocity taken as the local average gas velocity within the cylinder.

Since the latter is unknown both in magnitude or with variation in
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crankangle, Woschni determined empirical formulations relating the gas

velocity, w, to mean piston speed.
During induction and exhaust: w = 6.18 5',,
During compression: w = 2.28 Sp

During combustion and expansion Woschni considered gas velocity from
piston motion augmented by that induced by combustion, wc:
w=12285, +wec

An empirical correlation was developed for wec:

w= 2285, +3.24.10 3 V3 T1(P — Po)/ P,V,

where:
P - instantaneous ‘gas pressure (bar)
P, - gas pressure at inlet valve closure (bar)

Po - gas pressure in the cylinder corresponding

to the motored engine (bar)
5',, - mean piston speed ' (m/s)
T; - gas temperature at inlet valve closure (K)
Vi - cylinder volume at inlet valve closure (cm3)
Vs - swept volume (cm3)
w - local average gas velocity (m/s)

Radiative effects are considered as a lumped parameter.

A limited comparative study was undertaken using the Eichelberg,
(4.38), relationship where convective heat transfer within the engine
is based on experimental data obtained from tests on a spherical bomb
and corrected for the effects of piston motion and radiation according
to:

1/3 »
h = 0.523.10°¢ (%) (P.T )7
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where:

h - heat transfer coefficient (W/mmzl()

N - engine speed (rpm)
P - gas pressure (bar)
S - stroke (mm)
T - gas temperature (K)

4.3.6 Equilibrium analysis

The composition of equilibrium combustion products, specific heats,
thermodynamic properties and logarithmic derivatives are calculated
according to the method of Olikara and Borman, (4.42). Specific heat
data are curve fitted to polynomials in temperature according to Gordon

and McBride (cited in Reference 2.8).

The pressure, temperature, fuel composition and equivalence ratio of a
hydrocarbon fuel are specified and the combustion reaction proceeds

according to:
E¢CaHﬁ01N5 + 02102+ 079N2 - V1002 + V2H20 + V3N2

+v40, + vsCO + vgHy + v2H
+V80 -+ VQOH + IlloNO
where € is the stoichiometric molar fuel-to-air ratio, ¢ is the fuel-

to-air equivalence ratio and »; the molar coefficients of the product

species.

Atom balancing produces four equations:

C  epa = (y1 + ys)N
H ¢ (2y2 + 2ys + y7 + o) N
0 €d7+042 =2y +y2 + 20+ ys +ys + Yo + y10) N

where y; is the molar fraction of the product species and N the total

number of moles of products.

Also by definition a further relationship:

10
Yy-1=0

=1
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Introducing equilibrium constants produces a total of eleven equations

for the ten unknown mole fractions, y,, and the number of moles, N:

“H, =H
1
50 =0

1

1
2H2 + 502 = OH

1 1
5()2+-§]V2 = NO
1
Hy + 502 = H,0

CO+ %Oz = CO,

where P is the pressure in atmospheres.

K,

K, =

K; =

K,

K5=

Ke=

yr P1/?

ye!?

ysP1/2
yy/?

Yo
v ye’

Y10

vy y3"?

Y2
3/‘11/21/61:’1/2

n
ysys' P1/?

Equilibrium constants, K,, are curve fitted to data from JANAF tables

according to the following functional form:

log K, = Aln(T/1000) + B/T + C + DT + ET?

where T is the temperature in Kelvin.

Manipulation of the above relationships yields four non-linear

equations in four unknowns, Y3, Y4, ¥s, V¥s:

fi{yssva, 5,96} =0 7 =1,2,3,4

As a first approximation the molar fractions are assigned the known

values of the molar coefficients for low temperature combustion

products, yielding the vector:

(687,40, 88, o8]

which is close to the solution vector:

[v3, 95, ¥5, V)
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Let Ay =y — i)

Neglecting second order and higher derivatives, the four non-linear

equations, f;{ys, ¥s,¥s, ¥} =0 are expanded round the known vector as a
Taylor's series to produce a set of four linear equations that yield

approximations to Ay, i = 3, 4, 5, 6:

of; 0f;
6y3 ay 5

of;
Oy,

af;

o+
fi BYe

Ays + Ays + Ays + Aye~0 3;=1,23,4
where fj and their partial derivatives are evaluated at the known
vector. A Gaussian elimination method is employed to solve for Ay;, i =

3, 4, 5, 6.
Further details of the method together with that used to calculate
transport properties, including programme listings, are described in

References 2.8 and 4.42.

4.3.7 Friction model

A detailed investigation into the distribution of frictional losses
within the engine was undertaken as part of this programme of work (see
Section 7.10). Correlations were produced from experimental data
obtained by motoring the engine in various stages of disassembly. These
describe the mechanical losses associated with the main engine
components and the overall mechanical loss with simulated combustion
pressures. Pumping correlations were also obtained with the engine both
firing and motoring at wot. A comparative study of these results with
the correlations presented by other workers suggested a synthesis of
previous work, (2.4, 4.43, 4.44), most closely fit the experimental
data with the advantage of geometric generality. The correlation is as

follows:

S M . B
= 3 3 ; =
fmep = 370.10 an+756.10 BSS,,+2083zmep+4l4SNK
GH™ _
+393.10%[30—0.24 N 55 +600S?
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where the terms describe respectively: piston ring wall tension, piston

viscous friction, a gas pressure term, journal bearing viscous

friction, the valve train, and the pumping loss.

K is defined as:

6
K= ﬁ[azc + b%d/m + €%f]

where:
a - main bearing diameter (mm)
B - bore (mm)
b - rod bearing diameter (mm)
c - total length of all main bearings/

number of cylinders (mm/cylinder)
d - rod bearing length (mm)
e - accessory shaft bearing diameter (mm)
f - total length of all accessory shaft bearings/

number of cylinders (mm/cylinder)
fmep- friction mean effective pressure (N/mz)
G - number of intake valves per cylinder
H - intake valve head diameter (mm)
imep - indicated mean effective pressure (bar)
M - projected area of piston skirt/

cylinder bore diameter (mm)
m - number of pistons per rod bearing
N . engine speed (rev/sec)
n - total number of piston rings per cylinder
S - stroke (mm)
5', - mean piston speed (m/s)

Heat/mass loss or ancillaries are not included.

The engine-specific correlations obtained from the experimental data
were incorporated into the engine model for validation purposes and
energy flow analysis. The overall correlation synthesised above is

included as a more generalised tool in prototype development.
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4.3.8 General specifications

Conditions at inlet valve closure

At inlet valve closure the temperature of the charge is specified by
the inducted mass and cylinder pressure which are known from
experimental measurement together with an assumed value for the

residual mass.
Residual mass

The residual fraction is known to vary with changes ‘in operating and
design conditions such as engine speed, mixture strength, compression
ratio, throttle position and valve timing, (1.57). A residual fraction
of 74 was assumed based on values reported in the literature
commensurate with the range of design and operating conditions under

investigation, (1.57, 1.58, 4.18, 4.30, 4.45).

Blowby allowance

Based on experimental observation (see Section 7.5) mass loss is

specified according to:

m; = —-0.3N + 14.26

where m; is the mass loss to blowby (percentage of incoming charge) and

N is the engine speed in rev/sec.

The experimental blowby measurements were correlated to the following
function:

-C(6+7)

w

- oo

M3

Before the calculations commence at inlet valve closure a simple
iterative technique is employed to evaluate the constant, C, so that
experimental and theoretical mass loss are equal at exhaust valve

opening.
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Wall temperature assignment
In the absence of experimental data a survey of the literature, (1.47,
1.58, 4.1, 4.14, 4.18, 4.28, 4.49, 4.50), suggested that a typical wall

temperature of the order of 400 K was appropriate.

4.3.9 Data input and output

All data required by the engine model is read in from file and includes
a calibrated set of ensemble-averaged pressure-crankangle data, the
appropriate operating and design variables, gas quality and emissions
analysis together with statistical parameters, performance and heat
release criteria, heat transfer data and the variables required to set

initial conditions and mass loss.

Results from the cycle simulation are written to file and a graphical

routine employed to compare the theoretical and experimental pressure-

crankangle diagram.

Using the above data files, a detailed comparison of experimental and
theoretical criteria, including fractional mass burned, heat transfer,
gas analysis and performance data, is presented in graphical and
tabulated form. Typical output is detailed in Figure 4.2. All other

operating points are included in Appendix I.
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Figure 4.2 Comparison between measured data and model output.
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CHAPTER 5 - COMBUSTION ANALYSTS

Summary

In this chapter the utility of fractional mass consumed curves is
discussed together with the parameters used to characterise the
combustion process. Combustion, flame development and laminar flame
speed models developed for combustion analysis and as sub-models in an
overall closed cycle thermodynamic model are described. A method of
producing heat-release curves from experimental pressure-crankangle
data is evaluated within the context of the objectives of the study and
the method subsequently employed for capture and analysis of such data
is described. The effect of a wide range of operating and design
variables on rates of heat release is discussed and evaluated using the
experimental data in conjunction with the diagnostic combustion model.
A turbulent entrainment flame development model is validated over a
similar range in design and operating conditions. The relationship
between the durations of the flame development and rapid burn stages of

the combustion process is considered.
5.1 Introduction

A survey of the literature has revealed only limited information from
the analysis of pressure data or combustion rates in natural gas-
fuelled engines, (4.45, 5.1 - 5.4), and no evidence of studies made on
units of similar capacity to the Task engine. A number of workers have
reported more general performance criteria relating to output and

emission levels which were discussed in Chapter 1.

Mass fraction burned curves derived from experimental pressure-
crankangle data provide information on rates of combustion and the
various stages of flame propagation. Although somewhat arbitrary in
nature, or to some extent based on convenience, parameters of interest
are chosen to characterise reference states near which the salient
features of flame growth and propagation occur. Figure 5.1 shows a
typical curve illustrating the parameters used to characterise the
combustion process. The flame development period is usually taken as 1

or 10% of the mass consumed although other fractions of 5 and 2% have
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been used, (4.18, 4.34, 5.5). This stage is considered to represent the
duration of the ignition and kernel growth period and is the point on
the pressure-crankangle diagram where the pressure deviates

significantly from that due to mot;éring only.

To gain greater insight into this period of flame propagation it proved
convenient in some cases to consider two further stages: that from the
initiation of the spark to the point at which PV" deviates from the
value associated with compression only and the succeeding portion to 1%
mass consumed. The former stage has been described as the ignition
delay or lag, (5.4, 5.6), at the end of which flame kernel initiation

has been considered to commence, (5.4).

It is of interest to note that pressure analysis techniques based on
the two-zone model, employed with the objective of quantifying the
early stages of flame growth through expansion velocities of the
developing flame kernel, (4.14), suggest that such definitions conform
closely at stoichiometric and near stoichiometric conditions with the
heat transfer and kernel consolidation and growth stages referred to in
fundamental studies, (4.15) and discussed earlier in Section 4.1. Poor
correlation has been observed however at weak mixture strengths due to
less robust kernel growth. In keeping with these studies the two stages
of flame development are referred to in this work as the heat transfer

and kernel growth periods.

The heat transfer stage is that period in which the pressure rise due
to combustion is too small to be detected. Calculations for the
cumulative mass fraction burned commence at the end of this period. The
1% mass consumed consequently corresponds to the kernel consolidation
and growth stage and as such is indicative of the quality of kernel

development.

The rapid burn stage reflects the portion from the end of flame
development to the end of flame propagation during which a fully
developed turbulent flame front has traversed the chamber and most of
the mass is burned, typically 90% of the charge consumed. The burn
duration is the duration of the combustion process and the sum of the

previous periods. Scatter in experimental data and/or the difficulty
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involved with locating precisely the start and end of combustion favour
the choice of the 0 to 10X and the 10 to 90X parameters, (4.18, 4.30).
Although some difficulty was encountered locating the end of
combustion, by comparison the start of heat release proved relatively
straightforward to identify and the 1% and the 1 - 90% definitions were

consequently adopted in this work.

5.2 Range of experimental observation

Pressure-crankangle data were obtained at the stoichiometric air-to-
fuel ratio and the lean mixture limit for all the configurations,
engine speeds and compression ratio settings investigated. Datawere
also taken at 30 rev/sec at the excess air ratio for peak efficiency

with optimum, retarded and advanced ignition settings.

It was recognised before conducting this work that significant changes
in chamber geometry might occur from increasing the compression ratio.
However, the effects on performance were unclear and consequently
parallel compression ratio tests were undertaken on a Ricardo E6
variable compression engine through a range from 8 to 16:1. The tests
were conducted at 30 rev/sec with the weakest mixture for maximum power

and minimum spark advance for maximum torque.

In practice the restrictions on lean mixture operation are most likely
those of tolerable hydrocarbon emission levels and load fluctuation.
Accordingly, the definition of lean mixture limit in this work (see
Section 2.3) encompasses these considerations although other more
rigorous definitions have been used (see Reference 4.45 for example).
Due to the wide range of combustion characteristics associated with
each of the configurations investigated, particularly the tolerance to
weakening mixture strength, comparisons between chambers at the lean
mixture limit are often at a dissimilar excess air ratio. To some
extent this restriction results from the conflicting objectives of
producing and analysing original data and investigating a lean burn
strategy. It may be argued, and rightly, that the former precedes the
latter but both objectives are compromised ultimately by the time
available for the study.
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5.3 Combustion model
Experimental mass fraction burned data were correlated to the Weibe

function, (4.27), using an interactive graphical technique. The

function takes the following form:

=1~ exp{~a[(6 - 0,)/6)*"}

CHR

The shape and duration parameters, 2 and a respectively, allow great
flexibility in specifying the heat-release profile; the former
controlling the points of inflexion and hence representing the early
stages of combustion, the latter controlling the slope of the function
and hence representing the rapid burn stage of the heat-release
process. High values for the duration parameter indicate a diminished
rapid burn stage whilst reduced flame development is associated with

low values for the shape parameter.

5.4 Flame development model

A preliminary investigation suggested that the turbulent entrainment
model proposed by Blizard and Keck, (4.31), later refined by
Tabaczynski, (4.20), and extensively validated with petrol-fuelled
engines by Hires et al., (4.30), gave good predictive capability when
compared with experimental results. The model benefits from relative
ease of use providing a suitable relationship for the laminar flame
speed can be established. The expression for flame development, 0 to 1%

mass burned, takes the following form:

B\ 23
64 = C(Spv)'/° (—)
Si

The constant, C, was evaluated at a single operating condition for each
engine. The other terms were defined in Section 4.3.4. Some flexibility
in the assignment of the magnitude of the integral scale arises through
the geometry of the combustion chamber, particularly with the Hrcec
configuration which utilises a stepped cross-section and the TaskII
chamber which incorporates a sloping roof. Chamber depths of 7.5, 4.25
and 3.4 mm were found satisfactory for the TaskII, 3-2 and Hrcc

arrangements respectively. In the case of the Ricardo the choice is
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straightforward since the combustion chamber is a disc of diameter
equal to the bore. A shortcoming of such turbulent entrainment models
arises through the difficulty in specifying the variation in the
entrainment velocity and scale of turbulence tﬁroughout the engine
cycle, (4.34), and single values ascribed to these variables is usual.
Hence weaker correlation between predicted and experimental flame
development periods are to be expected when durations are lengthy
and/or piston movement appreciable. Time-averaged values over the flame
development period have been used to overcome this problem, (4.30). In

this work the quantities are evaluated at the start of combustion (i.e.

PV" deviates from linearity).
5.5 Laminar flame speed correlation

A previous study of spark-ignited engines utilising gaseous fuels
concluded that empirically derived relationships, incorporating
pressure and temperature dependence over the range of these variables
usually found in the engine, most closely matched experimental data,
(5.1). For the particular case of methane it was found that
experimental data due to Babkin and Kosachenko, (5.7), evaluated over
such conditions and correlated to an expression of functional form
attributed to Kuehl, (5.8), had good predictive capability and
suggested a similar approach for this work. References 5.9 - 5.10
detail other applications of the correlation of Kuehl. The expression

is of the following form:

S = 104 0.00055T,, — 0.622)
[(104/T3) + (900/ )]
where:
P - cylinder pressure (atmospheres)
S; - laminar flame speed (cm/sec)
T, - burned gas temperature (K)

T.

unburned gas temperature (K)
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5 alysis o ressure-crankangle data

Analysis of pressure-crankangle data was undertaken using the well
established method of Rassweiler and Withrow, (4.2), in which .the total
pressure rise over a sampling interval is attributed to the pressure
rise resulting from the change in volume due to the motion of the
piston and that resulting from combustion. The method accounts for
pressure rise due to piston motion by reducing the total incremental
pressure rise over a sampling interval by the incremental pressure rise
that would occur from polytropic compression or expansion over the
interval. The combustion pressure rise over the volume of the interval
is then referred to an equivalent pressure rise at the volume in the
chamber at ignition. The summation of the preceding constant volume
pressure increments at any crankangle to the total of such constant
volume pressure rise increments was found to correlate with the
fractional mass burned at that crankangle determined using high-speed

photography. A simplified treatment presents the result:

_ (Pv")a - (Pv");
2(0) = (Pv")r — (Pv™);

A similar relationship follows from a First Law analysis in References
4.34 and 5.5.

Although the method is widely used for analysis of experimental
pressure-crankangle data, including commercially available packages
such as Epicas, the technique does have certain limitations. In
particular, a single value for the polytropic exponent is not
consistent with observation. At lean mixture strengths partial burning
may occur and fractional mass is unlikely to reach unity; lengthy

combustion implies greater deviation from constant volume assumptions.

Comparison with two-zone, zero-dimensional combustion models, in which
cumulative fractional mass consumed curves are produced from
experimental pressure-crankangle data, have however, been markedly
favourable around stoichiometric air-to-fuel ratios, (4.14, 4,18,
5.11). A less favourable comparison at weaker mixture strengths is
reported by Johns, (4.14), attributed to partial burning cycles in

which the pressure rise method over-predicts burn rates.
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It is unlikely that this latter consideration is of undue concern in
this work since measured levels of hydrocarbon emissions were of the
same order of magnitude at both the stoichiometric air-to-fuel ratio
and at the lean mixture limit and furthermore, with the comparative
analysis undertaken in this work any error applies equally to all
configurations. Additionally, all mean cycle data sets satisfy the
criteria of complete combustion reported by Peters, (4.45), viz.: 20%
mass burned by 25 degrees atdc, although individual cycle analysis was

not undertaken.

Start and end of combustion

Following Rassweiler and Withrow, (4.2), the end of combustion can be
ascertained by noting the crankangle at which the pressure rise due to
combustion only is equal to or less than zero. Similarly, a combustion
pressure rise greater than zero indicates the start of combustion on

compression.

A second proposition utilises the fact that PV is sensibly constant
prior to and after combustion. Numerical searching routines could
easily be envisaged, based on either method, to identify when the

appropriate conditions occurred for large numbers of cycles.

A problem associated with these methods is that scatter exists in the
data towards the end of combustion. PV" may fluctuate and pressure
increments due to combustion alone may assume both positive and
negative values, (4.14). Moreover, the slope of PVn after combustion,
and hence the apparent end of combustion, is strongly influenced by any

error in the value of the polytropic exponent of expansion, (4.18).

The latter approach was used by Brunt, (4.18), but difficulty was
encountered in selecting an appropriate value for the expansion index.
It was concluded that a clearly defined end of combustion was evident
only when a value for the expansion index was used which was equal to
or lower than the true value. Consistent results were obtained using a

value based on the compression index less an arbitrary constant.
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Value of the polytropic index

Following the original derivation of Rassweiler and Withrow, (4.2), and
the theoretical analysis by Harrington, (5.5), an average value of the
measured polytropic indices of compression and expansion was assumed.
Other methods have bésed calculations on the measured compression index

prior to the initiation of the spark, (4.18, 5.11).
valuating the rate and qual of combustion

A number of parameters were used to evaluate the rate and quality of
the combustion process. These included the timing and magnitude of the
peak pressure and maximum rate of pressure rise together with
parameters derived from the cumulative mass fraction burned curve which
were taken to represent the various stages of flame growth or
propagation. Ensemble averaging was undertaken due to the stochastic
nature of the combustion process and statistical analysis was applied
to the magnitude and timing of peak pressures of the individual cycles
comprising the average: the percentage dispersion and standard
deviation. When considering the implications of these parameters in
comparative studies it is essential also to consider the influence of

volume change due to piston motion on the pressure-time history.
roduction of fractional mass burned curves

Pressure-crankangle data were down-loaded from the Biodata Microlink
on-line data acquisition system to an IBM XT microcomputer and then to
the Prime 750 mainframe computer at the Polytechnic. Analysis was
conducted using interactive graphics software which was developed in
Fortran 77 using the Ghost-80 library of graphical sub-routines. The
output from the mean cycle analysis is correlated in graphical and
tabular form in the figures of Appendix I. Each figure corresponds to a
single operating point. Also presented in the figures is a comparison
between the experimental and predicted values returned by the model,

which will be referred to later in the text.

The initial stage involved calibration of the pressure data and

evaluation of the pressure to crankangle assignment. Each cycle was
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displayed for inspection on a log P/log V plot. Single cycle analysis
was undertaken including statistical methods applied to the work, power
and to the timing and magnitude of peak pressure, also average values
for the polytropic index were obtained over 15 degree intervals at two
positions along the compression line; prior to ignition and 40 to 55
degrees after bdc. Specimen output is included in Figure I1II.55
(Appendix I1I).

The ensemble-averaged cycle was produced from such calibrated pressure-
crankangle data and displayed for inspection on a log P/log V plot.
Average values of the polytropic indices of compression and expansion
were evaluated over 15 degree intervals; prior to ignition, 40 to 55
degrees after bdc and 55 to 40 degrees before bdc. The timing and
magnitude of the peak pressure and the work and power for the mean
cycle were also calculated. Operational and mean cycle pressure-
crankangle data together with the polytropic indices were written to
file.

In order to overcome the difficulty of accurately specifying the
completion of combustion (discussed previously in Section 5.6) an
interactive graphical method was devised which has application to mean
cycle analysis or to a limited number of consecutive cycles. The
technique is based on the fact that V" is sensibly constant prior to
and after combustion. PV" was plotted to an enlarged scale using a
nominal value for the polytropic index during the compression or
expansion process. An updated value for the index was requested until
pv" appeared constant either prior to combustion or during eipansion.
The crankangle for the start or end of combustion was then identified.
The value of the mean compression index could then be calculated from
bdc to the start of combustion and that of the mean expansion index

calculated from the end of combustion to near exhaust valve opening.

Using the mean cycle pressure-crankangle data, the crankangles at which
combustion was initiated and completed together with the mean indices
of expansion and compression evaluated previously, the mass fraction
burned was evaluated according to the method of Rassweiler and Withrow,
(4.2) and Harrington, (5.5). Graphical output presented pressure/

crankangle, pressure/volume, PVn/crankangle and mass fraction burned to
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an angular and time base. Fractional mass burned criteria, together
with operational and performance data were written to the graph and to

file in tabulated form.

The previous method was extended to include calculations of the mass
fraction burned based on the Weibe function, (4.27). An interactive
graphical technique was used to adjust the shape and duration
parameters until the theoretical function conformed closely to the

experimental data.

5.7 Experimental results and discussion

The experimental results are discussed in the following format: the
influence of operating variables on the rate of combustion is
identified with particular reference to the measured and theoretical
flame development period together with the rapid burn stage. The
combustion rates are related to other pressure-derived parameters such
as the maximum rate of pressure rise and peak pressures, with due
consideration given to the phasing of heat release - which recognises
the influence of piston-induced pressure and volume change. The salient
points are outlined in a summary preceding each section. The tabulated
and graphical output included in this chapter is derived from the
detailed Figures 1.2 - 1.57 (Appendix I).

5,7.1 Values of the polytropic indices

Consistent with other studies, (2.3, 2.9, 4.2, 4.18), the polytropic
indices of compression and expansion were found to be within the range
1.30 +/- 0.07 for the Ricardo E6 engine and the Task engine in all
configurations. In contrast to the measurements made on the Ricardo
engine and values reported by other workers, (4.2, 4.18), the index of
expansion on the Task unit at 1.30 +/- 0.07, was noted to be marginally
higher than that for compression at 1.28 +/- 0.05, most probably
reflecting the level of mass loss measured in this engine (see Section
7.5).
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2 e effect of compression ratio

§ummary

The influence of increasing compression ratio on combustion rates in
the Task engine compared with the effect in the Ricardo E6 unit at
stoichiometric conditions is characterised by greater changes in
geometry which are thought to be unfavourable. The flame development
period shows a lesser dependence and is of shorter duration, the burn
duration increases rather than decreases and is lengthier. Peak
pressure dispersion is lower. The optimum compression ratio setting for
maximum indicated efficiency occurs at a markedly lower value of 10:1
compared with a setting of 13:1 noted for the Ricardo. At compression
ratios above 14:1, the influence of knock-limited timing is thought to

promote extended burn durations in the Ricardo E6 engine.

A lengthening flame development stage in the Task engine, arising
largely from an increasing heat transfer period, results from weakening
mixtures and is significantly ameliorated by an increase in compression
ratio. It is thought that an unfavourable influence from chamber
geometry with increasing compression ratio restricted a similar but
less marked effect on the rapid burn duration up to a setting of 12:1.
Weaker mixtures favour a higher compression ratio for improved

efficiency and enhanced combustion stability.

With the exception of very lean mixtures at high compression ratio
settings where durations are lengthy, the measured and predicted flame
development periods are remarkably consistent. Poor correlation, where
observed, is thought most likely to arise as a consequence of
representing the flow field by variables evaluated at a single point in
the cycle.

uence c e tio; d e
Experimental and theoretical data are presented in Table 5.2 and Figure

5.2. Theoretical and experimental flame development stages are compared

in Figure 5.22.
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A moderate reduction in the burn duration (0 to 90%) from 5.1 to 4.7 ms
is evident from increasing compression ratio until a value of 14:1 is
exceeded. This is noted to result through a reducing flame development
period since the rapid burn stage remains unchanged at around 3.4 ms.
The reducing flame development evidently occurs through shorter heat
transfer, as reported by Johns, (4.14) and kernel growth stages with
the greatest proportional reduction associated with the latter. Flame
development relationships such as that of Hires et al., (4.30), imply a
reduced flame development period with increasing compression ratio at
constant speed, since it is assumed that the turbulence intensity
scales with mean piston speed, the integral scale is proportional to
chamber height and higher temperatures and pressures follow reduced
volumes influencing the laminar flame speed. Note that the changing
integral scale is the dominant variable influencing the development
period. (Laminar flame speed dependency is complicated by the inverse
pressure relationship and excess air varies moderately between

settings.)

A further implication is that since only small changes in mass burned-
to-crankangle phasing were observed, changes in performance parameters
- indicated power and efficiency, arise largely from changes in the
combustion-volume phasing resulting from increasing compression ratio.
It is however evident from the literature that this is clearly not the
general case since burn rates have been found to reduce, (5.12),
moderately increase, (4.28, 4.34), and remain substantially unchanged,

(Mayo, cited in 4.28), with increasing compression ratio.

Marked increases in peak cylinder pressure from around 40 to 70 bar
together with significant increases in the maximum rate of pressure
rise from around 1.25 to 2.0 bars/degree are noted, the timing of both
parameters closing to tdc as the compression ratio increases. Note also
that this suggests that the timing of peak pressure is not necessarily
indicative of the proportion of mass burned - an observation consistent

with the findings of some other workers, (5.12).
No discernible dependence on compression ratio can be identified for

the dispersion of the magnitude of peak pressures, at typically 11%;

the deviation of the timing of peak pressure reduces steadily however
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with increasing compression ratio from 3 to 1.2. Other workers (Soltau,
Winsor and Patterson, cited in 4.16) suggest only a weak steadying
dependence of these parameters with increases in compression ratio from
6 to 12:1, attributed to higher temperatures and lower residuals. The
latter work reports a constant peak pressure dispersion at 12.5% for

compression ratios above 8:1.

Increasing the compression ratio above 14:1 markedly increases the
rapid burn period without further change in the flame development. Note
that although the latter is inconsistent with the reducing ratio of
integral scale to laminar flame speed, the magnitude of the discrepancy
is within the limits to be anticipated from measurement and subsequent
analytical techniques. Ignition is knock-limited at 15:1, hence
compared with the lower setting, heat release is initiated later in the
stroke. Combustion-crankangle phasing reduces chamber compactness,
despite volume change due to compression ratio increase and favours
lower cylinder pressures and temperatures together with reducing
1amin£r flame speed. Increased duration appears to be present in all
stages of fully developed flame propagation suggesting that under the
conditions investigated, combustion-volume phasing through knock-
limited timing is the dominant factor in increased burn duration.
Flame quenching at higher compression ratios reported by Curry, (5.13),
in the latter stage of the combustion process does not seem to be the
only factor. Later and longer combustion duration is reflected in later
and reduced peak pressures together with reduced rates of pressure
rise, the timing of the latter now associated with the early stage of
the rapid burn period prior to tde in contrast to the early expansion
stroke at the lower compression ratios. The dispersion remains

substantially unchanged.

ence o ssio o sk e o) e
conditions
Experimental and theoretical data are presented in Table 5.3 and Figure

5.3. Theoretical and experimental flame development stages are compared
in Figure 5.22.
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Extended burn duration (4.7 to around 6.0 ms) and rapid burn period
(3.5 to 4.7 ms) arise as the compression ratio increases from 9 to
13:1; a lesser dependency is noted between the settings of 12 and 13:1,
The flame development period shows a weak tendency to diminish in
duration from 1.19 to 1.09 ms over the range, consistent with the
changing ratio of integral scale to laminar flame speed, and evidently
without commensurate effect on the rapid burn stage. The intervals
associated with the heat transfer and kernel growth stages show no
discernable trend. (Limited testing at 25 and 35 rev/sec at settings of
12 and 13:1 indicates that the durations of the flame development and
rapid burn stages at these speeds are similarly dependent on
compression ratio. Further detail is given in Figures I.14, I.15, I.31
and 1.32 - Appendix I.) A 9 degree spark retard over the range,
together with increasing burn duration imply notable changes in
combustion-crankangle phasing. From 9 to 10:1, the detrimental effect
on performance from later and longer burn duration is evidently offset
by reduced volume as the compression ratio increases, since the maximum

indicated efficiency occurs at this setting (see Table 7.3).

Compared with the Ricardo the duration of the flame development stage
is shorter most notably at lower compression ratios; by around 26% at
9:1. Whilst some difference in laminar flame speeds is apparent the
most significant parameter affecting the duration of flame development
between the engines at a given compression ratio is the variation in

the integral scale.

In keeping with the Ricardo no clear trend-wise dependence on
compression ratio can be discerned for the dispersion of peak
pressures, whilst in contrast, the timing and magnitude of peak
cylinder pressures, the maximum rate of pressure rise and the
dispersion of the peak pressure indicate a transitional feature between

settings of 10 and 12:1.

It is illustrative in this respect to consider the changing geometry of
the chamber as the compression ratio increases over the range in the
cases of the Task engine and the Ricardo. For the former engine, the
nominal chamber depth is 4.25 mm which requires a change in gasket

thickness from 3.25 to 0.621 mm to increase the compression ratio from

112



9 to l4:1. Consequently at the low compression ratios most of the
volume of the chamber, 60X, is situated in the disc space between the
piston and the bathtub while at the higher ratios around 60% is
contained in the bathtub. The surface area-to-volume ratio at tdec
varies from 2.25 to 3.19. The Ricardo disc chamber reduces in depth
from 13.9 to 8.6 mm whilst the surface area-to-volume ratio at tdc

varies from 1.24 to 1.69.

It may be concluded that in the case of the Task engine, a marked
geometrical influence is likely to affect combustion, gas velocity and
heat transfer characteristics, which implies that the choice of
compression ratio is intimately related to the geometry of the chamber.
The work of Thring et al., (5.14), and Kawamoto et al., (1.20 - 1.21),
whilst relating to the effects of aspect ratio (chamber length to
depth) and recess volume ratios respectively within Hrecc

configurations, is instructive for future development.

The transitional feature referred to above coincides with the change in
the majority volume from the disc space above the piston to the
bathtub. The expected improvement in efficiency with increasing
compression ratio appears to have been offset by the detrimental effect

of changes in combustion geometry.

e influence of co ession ratjo: Task engine at the le mixture

limit

Experimental and theoretical data are presented in Table 5.4 and Figure
5.4. Theoretical and experimental flame development stages are compared
in Figure 5.22.

As with the stoichiometric condition, longer burn durations (6.6 to 7.2
ms) rapid burn periods (4.4 to 5.8 ms) and shorter flame development
stages (2.1 to 1.4 ms) are also evident at the lean mixture limit as
the compression ratio increases from 9 to 13:1. The durations of the
heat transfer and kernel growth stages show no clear trend with
increasing compression ratio. Reducing peak pressure dispersion (12.2
to 9.8%) and deviation of peak pressure timing (1.9 to 1.2) indicate

enhanced combustion stability with increasing compression ratio.
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The influence of compression ratio with weakening mixture strength

Whilst all stages of flame propagation lengthen to some extent at a
given compression ratio with weakening mixture strengths according to
the laminar flame speed dependency, the influence on flame development
is markedly ameliorated with increasing compression ratio; a 77%
increase at 9:1 reduced to 25% at 13:1; the dominance of the heat
transfer period is noted with kernel growth remaining relatively

unchanged with respect to the stoichiometric.

A similar but diminished influence on the duration of the rapid burn
stage is also apparent between the settings of 9 and 12:1; a 26%
increase in duration reduced to 19%. At the higher setting of 13:1 the
effect is not so marked registering a 23X increase, possibly reflecting

the adverse geometrical changes referred to earlier.

Only a limited, but nonetheless useful, comparison of data obtained at
10:1 is possible since the excess air ratio at this setting is richer
at 1.33. The most significant conclusion is that greater efficiency can
be achieved at weaker mixture strengths utilising a compression ratio
setting of 12:1. Thermal efficiencies are discussed in Section 7.2 and
indicated efficiencies are detailed in Table 7.3.

Comparison with the model of flame development

The measured and predicted flame development periods are in general
remarkably consistent. At near stoichiometric conditions a slightly
weaker correlation of the order of 1 to 2 degrees of crank rotation is
noted at the higher compression ratios for the Ricardo engine and a
weaker correlation, around +/- 5 degrees or +/- 30X, evident at lean
mixtures for the Task engine at higher settings. Whilst the former
could be anticipated through experimental error: setting of the
ignition timing, resolution of the encoder or subsequent analysis
(discussed later in Chapter 6) the latter is more marked and may result
from the poorer predictive capabilities of the model at weak mixture
strengths as this has been reported by other workers, e.g. Pundir et
al., (5.15). As a consequence of evaluating variables at a single

position in the cycle, it is also possible that the model inadequately
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represents changes in the flow field, producing errors where the
duration of flame development is lengthy. (This subject is discussed in
greater detail in Sections 5.4 and 5.7.7.) Furthermore, no
consideration has been given to the residual fraction, apart from its
influence on the laminar flame speed through the pressure and
temperature dependence, which is known to reduce with increasing
compression ratio, (1.57), and affect the duration of flame
development, (4.17), or to variations in turbulence intensity which

arise from changes in compression ratio, (4.20).

5.7.3 _The effect of jgnition timing
Summary

Earlier spark initiation promotes extended flame development consistent
with increasing integral scale, although flame development may be
influenced appreciably by unfavourable geometric or spatial
configuration producing a contrary trend. Advanced combustion phasing
promotes markedly higher cylinder pressures and temperatures as main
stage combustion closes progressively towards tdc where the volume is
smaller. In such conditions higher laminar flame speeds and improved
chamber compactness are also thought to positively influence mass

burning rates.
Rates of flame propagation, cylinder pressures and temperatures and
combustion stability are less dependent on spark timing with the rapid

burning Hrcec arrangement.

The predicted and measured flame development periods compare favourably

- within 1 to 2 degrees in most cases.
e luence of jignition timing: 3-2 chambe
Experimental and theoretical data are presented in Table 5.5 and Figure

5.5. The flame development model is compared with measured data in
Figure 5.23.
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Notably reduced burn duration (6.3 to 4.2 ms) rapid burn stage (5.0 to
3.2 ms) and flame development period (1.3 to 0.9 ms) result from
advancing the ignition through 15 degrees at a mixture strength
corresponding to that for peak efficiency. These represent reductions
of some 33, 36 and 31X respectively. Reducing flame development was
surprising since the laminar flame speed would be expected to reduce
with advancing ignition through lower temperatures and the integral
scale increase with chamber height, effecting increasing flame
development period as reported by other workers, (4.30, 4.34).
Calculations for the laminar flame speed at these conditions do in fact
show a moderate increase with advancing ignition. Such characteristics
are supported by calculations undertaken with two further correlations,
although associated with propane: those due to Kuehl, (5.8), and to
Metghalchi et al., (1.6 - 1.7). Subsequent inspection of the laminar
flame speed relationship used in this work together with the
appropriate temperatures and pressures returned by the engine model at
the start of heat release, suggests that the increase in the flame
speed with advancing ignition occurs almost entirely as a consequence
of the variation in the unburned gas temperature term in the pressure
exponent and reducing pressures (the correlation is detailed in Section
5.5). The order of such increases is small however in relation to

changes in the integral scale.

In the absence of additional experimental data and without recourse to
further experimental work a number of possibilities are tentatively

proposed to explain such conflicting trends.

(i) Considering that dimensions of flame kernels exceeding a radius of
Smm have been reported in the literature for propane-fuelled engines,
(4.13), and noting the dimensions of the chamber height in the flame
development period it seems possible that with retarded ignition timing
flame growth is restricted in the vertical plane by both chamber roof
and piston crown. The separating distance changes from 5.4 to 7.6 mm
with advancing ignition at the start of heat release and from 5.2 to
7.2 mm at the end of the 1X burned stage. Figure 5.27 details the
variation of chamber depth and volume with crankangle. Lancaster,
(4.13), concluded that such a mechanism was responsible for reducing

FSR during the early stage of flame propagation.
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(ii) Interaction of the flame kernel with the vortex produced by the
piston rolling-up the cylinder wall boundary layer, as discussed by
Chomiak and Heywood in Reference 4.15, is a condition thought to
prevail in chambers where the spark plug is situated near the cylinder
wall since the dimensions of the vortex are of the order of the

clearance height.

(iii) Piston-induced turbulence has been reported by Mayo, (cited in
4.28), to unfavourably influence the flame development period, and
theoretical squish velocities are known to increase with proximity to
tde, (5.16). A diminishing flame development stage with advancing

ignition was attributed to such a mechanism in Reference 1.49.

Advanced combustion phasing promotes markedly increased pressures and
temperatures through main stage combustion closing progressively to tdc
where the volume is smaller; 50% charge consumed at 33 degrees atdc in
the most retarded case compared with 1 degree btdc for the most
advanced. Higher laminar flame speeds and enhanced chamber compactness
follow early heat-release timing. Peak pressures increase by around
1.75 bar/degree advance and predicted peak cycle temperatures by around
20 K/degree advance. Despite increasing burn duration, peak pressure
dispersion reduces significantly from 10.4 to 3.3X% with ignition retard
since peak pressures approach those due to piston motion only; the

deviation of the timing reduces from 3.1 to 1.9.

The influence of ignitjon timing: Hrcc arrangement

Experimental and theoretical data are presented in Table 5.6 and Figure
5.6. Theoretical and experimental flame development stages are compared
in Figure 5.23.

In contrast to the 3-2 chamber, the Hrcc arrangement is characterised
by a léngthening flame development period with advancing ignition
timing: 1.1 to 1.3 ms or by 18%X. The laminar flame speed relationship
implies a constant flame speed over the range, hence flame development
extends with increasing integral scale. Here it is of interest to note
that ignition is initiated in the deeper recess of the chamber where

the minimum depth is around 8 mm. The rapid burn stage reduces notably
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from 4.3 to 3.3 ms (by 23%Z) with advancing ignition and is some 40%
shorter than that in the 3-2 chamber at about 20 degrees advance; peak
pressures and maximum rates of pressure rise are correspondingly
higher. Peak pressures change by around 1.5 bar/degree advance and
predicted peak temperatures by around 11 K/degree advance. Compared
with the 3-2 chamber, peak pressure dispersion is reduced and is also
of contrary trend-wise dependence on the ignition timing; reducing from
7.3 to 4.9% with spark advance despite significantly higher combustion
generated pressures - both in relation to the 3-2 chamber and the
retarded condition. It is possible that such a positive effect results
from the enhanced rates of heat release centered more closely around
tdc where volume change is reduced and pressure variations are least
influenced by piston motion. For both configurations a minimum in the
standard deviation of the timing of peak pressures occurs at the mbt
timing, 22 and 25 degrees advance for the Hrcc and the 3-2 chamber
respectively. Note however that this is not associated with a minimum
in the dispersion of peak pressure - an observation consistent with the
findings of Al-Alousi et al., (5.4).

The predicted and measured flame development periods are consistent -
within 1 to 2 degrees in most cases. Whilst the trend-wise dependence
of the model on spark timing appears satisfactory for the Hrecc
arrangement, this is not the case for the 3-2 configuration for reasons
which have been discussed earlier and which appear unlikely to be a

shortcoming of the model.

5.7.4 Effect of engine speed
Summary

The experimental and theoretical data illustrating the influence of
engine speed on the various chambers at the stoichiometric air-to-fuel
ratio and at the lean mixture limit are included in Tables 5.7 - 5.12
and Figures 5.7 - 5.12. Measured and theoretical flame development

periods are compared in Figures 5.24 - 5.25.

Increasing the engine speed from 25 to 35 rev/sec at stoichiometric

conditions effects both reducing flame development (by 20 - 30%) and
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rapid burn stages (by 16 - 40%) for all chambers. This is thought to be
mainly through increased turbulence, change in combustion phasing is
also thought to be significant. The duration of the flame development
is least dependent on speed in the TaskII configuration with a similar
dependence noted for the other chambers. The duration of the rapid burn
period is most dependent in the 3-2 chamber and least dependent in the
Hrce arrangement. With the latter configuration the increase in burn
rate is sufficient to maintain similar combustion phasing over the
range of speed; the timing and magnitude of peak pressures and rates of
pressure rise remain largely unchanged, illustrating the enhanced

stability of the combustion process in this chamber.

At very weak mixture strengths, changes in both burn rates and the
limit of stable lean mixture operation result from changes in speed.
Extended lean mixture operation is strongly dependent on increasing
speed up to the mid-range setting with the TasklII arrangement (excess
air increasing from 1.23 to 1.50) whilst the lean mixture limit is
moderately attenuated at the higher speed for both the TaskII and Hrcc
configurations (excess air diminishing from 1.50 to 1.42 and 1.61 to
1.54 respectively). The TaskII chamber exhibits the least tolerance to
weakening mixtures whilst the Hrcc exhibits the greatest. For all
chambers, the duration of the flame development and rapid burn stages
diminish as the speed increases; a greater dependency shown by the Hrcc
configuration (the flame development period reducing by 43X and the
rapid burn stage by 29%) but a similar dependency shown by the
remaining arrangements (both stages reducing by around 15 - 30%). The
observed dependency is, however, complicated by variations in operating
points; it is reduced by extended lean mixture operation at high speed
for the TaskII chamber and is emphasised by attenuated lean mixture

operation at high speed in the case of the Hrcc.

At both stoichiometric and weak conditions, combustion stability is
moderately enhanced with the Hrcc arrangement but reduced with the 3-2
chamber as the speed increases. The TaskII configuration is most stable

at the mid-range speed.

At the stoichiometric condition, a good measure of agreement is evident

between the measured and theoretical flame development stage, to within
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a degree in most cases, with only two observations exceeding a
percentage error of 10X - registering about 20%. At the lean mixture
limit however, the quality of correlation diminishes with the duration
of the stage.

The influence of engine speed at the lean mixture limit

In keeping with the lean burn strategy, the influence of engine speed
will be considered in detail at the lean mixture limit. The main
findings from a similar treatment at the stoichiometric condition are
outlined in the summary. Experimental and theoretical data are included
in Tables 5.10 - 5.12 and Figures 5.10 - 5.12. Measured and theoretical

flame development stages are compared in Figure 5.25.

A linear relationship between turbulence intensity near tdc on the
compression stroke in quiescent configurations and mean piston speed
has been reported by the numerous studies cited earlier in Chapter 4,

the constant of proportionality varying from 0.3 to 0.5, viz.:

Piston- and induction-generated turbulence are also known to vary with
position on the compression stroke, see References 4.13, 4.20, 4.22 and

5.16 for example.

A consequence of the assumptions in turbulent combustion models such as
that of Hires et al., (4.30), is that the mass entrainment velocity
increases while the characteristic eddy burn time reduces with
increases in turbulence intensity. Reductions in rapid burn and flame

development periods follow, the latter according to:

0d=cul/3 h' o
S8,

h, - chamber height at the start of combustion (m)

S, - laminar flame speed (m/s)
5; - mean piston speed (m/s)
0, - flame development period (ms)

V - kinematic viscosity (mZ/S)
¢ - an engine-specific constant
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The TaskII chamber shows a marked extension of stable lean mixture
operation with increasing engine speed. This suggests the importance of
promoting turbulence to maintain a sustainable flame across the
relatively long flame travel path associated with this configuration.
Despite the excess air ratio increasing from 1.23 to 1.42 over the
range of speed, the flame development and rapid burn stages reduce from
2.8 to 2.0 ms (by 29%) and from 6.3 to 5.3 ms (by 16%) respectively.
The heat-release phasing at the highest speed is advanced compared to
the lowest until around 50% mass consumed and is retarded thereafter.
The timing and magnitude of peak pressures and maximum rates of
pressure rise vary accordingly. As the speed increases to the mid-range
value, the influence of weakening mixture strength appears to
predominate over the influence of turbulence and whilst stable
combustion is sustained at considerably leaner mixtures, diminished
rates of heat release and lower in-cylinder pressures are evident. The
dispersion of the maximum pressure and the deviation of the timing are
least at the mid-range speed (at 6.7% and 3.5 respectively). Aithough
this is consistent with the observations at the stoichiometric
condition, combustion-generated pressures are relatively small at this

speed.

Compared with the previous configuration, the 3-2 chamber is less
dependent on the engine speed for stable lean mixture operation,
possibly through improved chamber compactness. As the speed increases,
flame development is noted to reduce from 1.8 to 1.4 ms (by 22%) but
remains unchanged between the mid-range and highest speeds. The fact
that the kernel growth stage is completed before the chamber height
reduces to around 7.5 mm at the mid-range setting whereas it is only
initiated at a height of 7 mm in the case of the highest speed,
suggests that the unfavourable geometrical effects referred to in
Section 5.7.3 are influencing this stage of flame growth. (Figure 5.27
details the change in chamber height with crankshaft position.)
Exceeding around 10X mass consumed however, burn rates are seen to
diminish in the order of increasing speed; the rapid burn reducing from
6.2 to 5.2 ms (by 16%). A moderate increase in the maximum rate of
pressure rise and magnitude of peak pressure is apparent at the mid-
range speed where combustion phasing is advanced. As in the

stoichiometric case, combustion stability diminishes weakly with
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increasing speed: 8.8 to 9.8% and 1.5 for the dispersion of the maximum

pressure and deviation of the timing respectively.

With the Hrcc arrangement, increasing engine speed reduces the flame
development stage from 2.1 to 1.2 ms (by 43%) and the rapid burn
duration from 7.2 to 5.1 ms (by 29%) but note that the higher speed is
at moderately richer mixture strength. At the start of combustion, the
ratio of the integral scale to the laminar flame speed remains
substantially unchanged by speed, suggesting that the turbulence
intensity is largely responsible for changes in flame development.
Although the heat-release timing is advanced at the lowest speed when
compared with the mid-range setting, moderately higher peak pressures
and comparable maximum rates of pressure rise apply to the latter,
suggesting in this case the relative importance of reduced mass loss
and heat transfer over this portion of the cycle as the speed
increases. The maximum peak pressure and rate of pressure rise are both
consistent with the most advanced combustion phasing at the highest
speed. In keeping with the stoichiometric case, combustion stability is
moderately enhanced with increasing speed: 9.2 to 7.2% and 1.7 to 1.5
for the dispersion of the maximum pressure and deviation of the timing

respectively.

5.7.5 Effect of chamber

e e e e ettt b o .

Summary

The experimental and theoretical data illustrating the influence of
chamber arrangement at various speeds at the stoichiometric air-to-fuel
ratio and at the lean mixture limit are included in Tables 5.13 - 5.18
and Figures 5.13 - 5.18. Measured and theoretical flame development
periods are compared in Figures 5.24 - 5.25.

When compared with the TaskIl chamber at stoichiometric mixture
strengths over the range of speed considered, the Hrcc arrangement
promoted enhanced combustion stability (a reduction of 2 - 3 percentage
points in peak pressure dispersion) and was found effective in reducing
the duration of the flame development period by around 20 - 30%,

effective in reducing the succeeding 1 - 50% mass consumed stage whilst
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maintaining a comparable duration for the 50 - 90% burned interval. As
a result, the rapid burn periods were some 20 - 30% shorter. Although
the 3-2 configuration promoted shorter flame development in comparison
with the TaskII chamber, the influence was comparable to the Hrcc
arrangement only at low and high speeds. When compared with the TaskII
configuration, and with the exception of a positive influence at the
higher speed thought to result from enhanced turbulence, the 3-2
chamber had negligible effect on the duration of the 1 - 50% burned
interval and adversely influenced the 50 - 90% and 1 - 90% stages; only
at the slow speed was the combustion stability enhanced.

At all speeds the Hrcc promoted extended stable operation into the lean
regime. The TaskII arrangement was the least tolerant of weakening
mixtures, excluding the mid-range speed where the operating point was
comparable with the 3-2 chamber. At the highest speed, chamber
configuration was found less effective in extending the limits of
stable lean mixture operation; the relative tolerance to weakening
mixtures between the chambers diminishing (excess air varying from 1.4
to 1.5 between the chambers) and in the cases of the TaskII and Hrcc
arrangements, the limit of stable operation was notably attenuated. (At
the slowest speed the excess air ratio ranged from 1.23 to 1.63 between

the chambers.)

At the lean mixture limit, irrespective of speed and despite
considerably weakened mixture strength, the Hrcc arrangement promoted
the fastest early stage combustion rates (0 - 50% mass consumed) but
the slowest 50 - 90% burning rates. The extended duration of the later
interval unfavourably influenced the rapid burn duration in comparison
with other chambers except at the higher speed where mixture strengths
were more comparable. At the lower speeds, the shortest rapid burn
durations were achieved with the 3-2 chamber. In general, and in
contrast to the Hrcc configuration, albeit at richer mixture strengths,
the Taskll chamber promoted the slowest early stage combustion rates (0
- 50% mass consumed) but the fastest 50 - 90X combustion rates at all
speeds. Although the Hrcc configuration operated at weaker mixture
strengths, the combustion stability was comparable with other

arrangements and moderately enhanced at high speed.
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The influence of chamber arrangement at stoichiometric conditions

The influence of chamber arrangement at stoichiometric conditions will
be considered in detail at the slow speed as representative and in
keeping with the conceptual design. Although the relative performance
of the chambers is influenced to some extent by engine speed this is
significant only with the 3-2 arrangement and is thought to result from
unfavourable geometry. The main findings from a detailed study of the
influence of chamber arrangement at higher speeds is outlined in the
summary. Experimental and theoretical data are included in Table 5.13
and Figure 5.13. Measured and theoretical flame development stages are

compared in Figure 5.24,

Variations in flame travel paths through spark plug position and/or
chamber compactness together with variations in piston- or port-induced
turbulence are some of those significant influences which are expected
to produce differences in combustion characteristics between the
arrangements. (The salient features of each chamber were referred to in
Section 3.2.) However, quantifying the levels of turbulence is
extremely complex and involves sophisticated experimental techniques
extending beyond the scope of this work. The variation in large scale
mixture motion (swirl) between the configurations was found to be
slight using steady state flow apparatus (see Chapter 9 for a more
detailed discussion) and other parameters known to influence
turbulence, such as volumetric efficiency, valve head/seat geometry and
camshaft timing and profile were kept constant, although the TaskII
chamber utilises a lower compression ratio. Furthermore, since
combustion chambers with increased squish are usually compact and a
positive influence on combustion rates has been attributed to both
configurations, the relative importance of either feature within such
chambers is difficult to establish and does not yet seem to have been
resolved in the literature. This subject was discussed in greater
detail in Sections 1.8 and 5.7.3.

At the slower speed, a reduction of 27X in the flame development period
from 1.5 ms for the TaskII chamber to 1.1 ms for the 3-2 and Hrcc
configurations is consistent with the reducing ratio of integral scale

to laminar flame speed. Comparable burn rates between 1 and 50% mass
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consumed together with similar combustion-crankangle phasing are noted
for the TaskII and 3-2 chambers until the later stages of combustion
(50 to 90%Z consumed) when the burn rate of the former is noted to
exceed the latter and combustion crankangle-phasing advances. Initially
retarded combustion-crankangle phasing rapidly advances with respect to
the other configurations in the case of the Hrcc, with almost 90% mass
consumed at the crankangle corresponding to 50% burned for the other
chambers. The rapid burn duration is lengthiest for the 3-2 chamber at
5.5 ms reducing by some 42X to 3.2 ms for the Hrcc. Late stage
combustion durations (50 to 90X%) are comparable between the TaskII and
Hrcc arrangements but extended with the 3-2 chamber, suggesting the
detrimental geometrical effects discussed in Section 5.7.2. The highest
peak pressures and maximum rates of pressure rise are associated with
early combustion in the Hrcc. Enhanced combustion stability: dispersion
of peak pressure and the deviation of the timing at 7.4% and 1.8

respectively, is noted for the quicker burning Hrcc.
e influence of chamber arrangement at the lea ixture mit

The influence of chamber arrangement on combustion rates at weak
mixture strengths is clearly complicated by engine speed influencing
stable lean mixture operation. It is illustrative to consider the
higher speed in some detail where the range in mixture strengths is
more comparable and the effect of chamber arrangement on burn rates
more readily discernible. The main conclusions drawn from a detailed
study at lower speeds are outlined in the summary. The experimental and
theoretical data are presented in Table 5.18 and Figure 5.18 and a
comparison between the theoretical and experimental flame development

periods in Figure 5.25.

At the higher speed, stable lean mixture operation is notably
attenuated in the case of the Hrcc when compared with the performance
at slower speeds (significantly higher levels of unburned hydrocarbon
emissions were measured during the tests). At this speed, lean mixture
limits at excess air ratios of 1.42, 1.50 and 1.54 are noted for the
TaskII, 3-2 and Hrcc arrangements respectively. Despite the expected
influence of mixture strength on burn rates through the laminar flame

speed dependency, such a tendency is evidently ameliorated through
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combustion configuration and it is only in the latter stages of flame
propagation (50 to 90X mass consumed) that slower burn rates correspond
with weaker mixtures. The Hrcc configuration evidently promotes a
marked reduction in the duration of flame development when compared
with the TaskII chamber. This reduces from 2.0 to 1.2 ms (some 40%)
consistent with diminishing integral scale through changes in ignition
timing and compression ratio. A significant reduction in the duration
of the succeeding stage (to 50% mass consumed) is also apparent, the
Hrcc maintaining a relatively rapid rate of heat release around tdc - a
reduction of some 31% from 2.9 to 2.0 ms with respect to the TaskII
arrangement. In the latter stages of combustion (from 50 to 90%
consumed) chamber arrangement is insufficient to prevent burn rates
reducing as the excess air ratio increases. During this stage the rate
of volume change with respect to crankangle increases more rapidly;
chamber compactness suffers and the laminar flame speed reduces as
temperatures and pressures diminish. Intake-generated turbulence also
decays with time, (4.13). A 29X increase in the duration of this stage
is noted for the Hrcc at 3.1 ms compared with the TaskII configuration
at 2.4 ms. Enhanced combustion stability is noted for the Hrcc at 7.2%
and 1.5 for the dispersion of the peak pressure and deviation of the

timing of the peak pressure respectively.
5,7.6 Effect of excess air

§ummar \'s

The performance of the three chambers is considered at the mid-range
speed with mixture strengths corresponding to the stoichiometric, the
peak efficiency and the lean mixture limit. The experimental and
theoretical data are detailed in Tables 5.19 - 5.21 and Figures 5.19 -
5.21. The experimental and theoretical flame development periods are

compared in Figure 5.26.

The durations of the flame development and rapid burn stages in the
TaskII chamber show significantly greater dependence on changes in
mixture strength, even over the small range from the stoichiometric to
the excess air ratio for maximum efficiency. These extend by around 30%

compared with the 0 - 10X increase evident in the other arrangements.
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Comparison with the Hrcc at weaker mixture strengths is complicated by
extended stable lean mixture operation. However, as the excess air
ratio increases from that at peak efficiency to that at the lean
mixture limit, further increases in the flame development and rapid
burn durations of 81 and 47% respectively, are markedly extended in the
TaskII chamber in contrast to the 20 - 30X increases sustained in the
3-2 arrangement. The influence of mixture strength on the Hrecc is

considered in more detail below.

Enhanced combustion stability occurs at the excess air ratio for
maximum efficiency in both the Hrcc and 3-2 arrangements (dispersion of
peak pressures of 5.2 and 8.9% respectively) and combustion is most

stable at all mixture strengths in the Hrcc configuration.

The duration of experimental and theoretical flame development periods
correlate well at stoichiometric air-to-fuel ratios and mixture
strengths corresponding to peak efficiency. Poor agreement is noted at
the lean mixture limit where this stage of flame propagation is

extended.

The influence of mixture strength: Hrcc arrangement

Although the laminar flame speed is a significant factor in controlling
the turbulent flame speed, a further influence on combustion rates is
to be expected through unfavourable changes in chamber compactness and
piston-induced pressures as the duration of heat release extends with
weakening mixtures. Lengthening flame development with weakening
mixtures is also to be anticipated, both as a consequence of reducing
laminar flame speed and increasing integral scale as optimum ignition

settings advance.

The flame development stage increases from 1.0 ms at the stoichiometric
air-to-fuel ratio to 1.1 ms at the mixture strength for peak efficiency
and by a further 632 to 1.8 ms at the lean mixture limit, a total
increase of 80% as the excess air ratio changes from 1.03 to 1.61. The
duration of the rapid burn stage remains unchanged at 3.1 ms between
the stoichiometric air-to-fuel ratio and the mixture strength for peak

efficiency, and increases by 116X to 6.7 ms at the lean mixture limit.

127



Combustion phasing is most advanced at the mixture strength for maximum
efficiency and least advanced at the lean mixture limit. Maximum peak
pressure and rates of pressure rise are associated with advanced
combustion phasing at the mixture strength for peak efficiency. Peak
pressure dispersion is reduced at the excess air ratio for maximum

efficiency at 5.2%.

5.7.7 General observations

Flame development accounted for 17 to 33% of the burn duration over all
conditions investigated. The lengthiest proportions were associated
with the Ricardo engine at low compression ratios, the 3-2
configuration running weak at low compression ratios and the TaskII
chamber at weak mixture strengths. The shortest proportions were
associated with high compression ratios, retarded spark timings
(excluding the 3-2 chamber where adverse geometric effects were

suspected), the 3-2 configuration and the lean running Hrcc.

Only with variations in excess air and engine speed did diminishing
rapid burn consistently follow reducing flame development. A contrary
trend was evident for changes in ignition timing. In general,
combustion chambers with the shortest flame development stages were
also associated with shorter rapid burn stages, although unfavourable

geometry is thought to influence the dependence.

The experimental and theoretical flame development periods correlated
remarkably well over the range of conditions investigated with the
exception of those operating points where extended durations (exceeding
around 1.5 ms) were evident. Hence predictive capability is
particularly limited in the very weak regime at the low speeds and with
the slower burning configuration. This is considered to be a
consequence of evaluating the laminar flame speed, the characteristic
entrainment velocity and the scale of turbulence at a single point in
the engine cycle, when in fact they are known to vary throughout the
flame development period. Allowing the integral scale and turbulence
intensity to vary according to conservation of angular momentum
principles applied to the values at the start of combustion, may

improve the correlation without further undue complexity.
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Detailed attention to the flame development and 50 - 90% mass consumed
periods is suggested in light of the diminished heat release and

extended duration of these stages of flame propagation.
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Table 5.2 The effect of compression ratio: the
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Figure 5.2 The effect of compression ratio = the
Ricardo E6 at stoichiometric conditions, 1800 rpm.
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Table 5.3 The effect of compression ratio: chamber 3-2 at

stoichiometric conditions including
the Ricardo E6, 1800

some comparison with

Reference 23 36
Chamber type 3-2 3-2
Excess air ratio 1.00
Engine speed (rpm) 1814 1829
Ignition (deg btdc) 30 24
Compression Ratio 9 10
0 to 1% (ms/deg) 1.19/13 1
at (deg btdc) 17 11
Spark to soc (ms) 0.83 0
Soc to 1% (ms) 0.36 0
0 to 50% (ms/deg) 3.1/34 3
at (deg atde) 4 16
0 to 90% (ms/deg) 4.7/51 5
at (deg atdc) 21 32
1 to 50% (ms/deg) 1.9/21 2
50 to 90%Z (ms/deg) 1.6/17 1
1 to 90% (ms/deg) 3.5/38 3
Soc (deg btdce) 21 14
Eoc (deg atdc) 30 43
Max pressure (bar) 40.4 35.
at (deg atdc) 12 16
Std deviation:
Pmax 3.3
Ricardo 4.7
Timing Pmax 2.4
Ricardo 3.0
%4 Dispersion:
Pmax 7.9 10.
Ricardo 10.9 12.
Flame development model:
0 to 1% (ms/deg) 1.47/ 1
Integral scale
at soc (mm) 9.50 7
Laminar flame
speed at soc (m/s) 0.559 0
Max burned gas
temperature (K) 259 2475
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Figure 5.3 The effect of compression ratio -
chamber 3-2, stoichiometric conditions, 1800 rpm.
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Table 5.4 The effect of compression ratio: chamber 3-2
at the lean mixture limit iIncluding some comparison

with the stoichiometric case, 1800 rpm.

Reference

Chamber type
Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)
% change wrt stoich

Spark to soc (ms)
%2 change wrt stoich

Soc to 1% (ms)
% change wrt stoich

0 to 50% (ms/deg)
at (deg atde)

0 to 90% (ms/deg)
at (deg atdc)
% change wrt stoich

1 to 50%
50 to 90% (ms/deg)
1 to 90% (ms/deg)
% change wrt stoich

(ms/deg)

Soc
Eoc

(deg btdc)
(deg atdc)

Max pressure (bar)
at (deg atdce)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

24
3-2

1.

1805
43
9

2.

20
77

1.

110

w O

- w

12.

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

Max burned gas
temperature

(K)
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Figure 5.4 The effect of compression ratio —
chamber 3-2 at the LML. Excess air 1.5, 1800 rpm.
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Table 5.5 The effect of ignition timing: chamber 3-2 at the mixture
strength for maximum efficiency.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

Spark to soc (deg)
Soc to 1% (deg)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50%4 (ms/deg)
50 to 90% (ms/deg)
1l to 904 (ms/deg)

Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax
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3-2

1.

1807
15
13

1
1

e development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

T, at soc (K)
T, at soc (K)
Pressure soc (bar)
Max burned gas
temperature (K)
Predicted engine
heat transfer (kW)

773
2305
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.3/14
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.0/54
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Figure 5.5 The effect of ignition timing —
chamber 3-2 at the mixture strength for maximum
efficiency. Excess air 1.2, 1800 rpm.
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Table 5.6 The effect of ignition timing: Hrcc at the
mixture strength for maximum efficiency.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdce)
Compression Ratio

0 to 1% (ms/deg)
at (deg btde)

Spark to soc (deg)
Soc to 1% (deg)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

16
Hrcc

1.

1813
13
13

1
1

10

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

T, at soc (K)
Tp at soc (K)
Pressure soc (bar)

Max burned gas
temperature (K)

822
2359

29.

2365

w N

15

Hrcc

17 1.

1813

22

13

.1/12 1

10

10

2

.1/34 2.

5

.4/59 4,

24

.0/22 1

.3/25 1

.3/47 3

12

32

8 51
6
.0

3 5

.94/10.2 1.

.79 5.

.584 0.

804

2335

0 25

2461
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- N
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.1/12

5/27

2/46

4/15
.7/19
.1/34

02/11.1
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18
Hrcc

1.

1815
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1
12
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W
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32

794
2354
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NN
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.3/14
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Figure 5.6 The effect of ignition timing
- Hrcc at the mixture strength for maximum
efficiency. Excess air at 1.2, 1800 rpm.
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Table 5.7 The effect of speed: TaskII at the

stoichiometric.
Reference 28 25 30
Chamber type TaskIl TaskII TaskII
Excess air ratio 1.01 1.04 1.06
Engine speed (rpm) 1515 1814 2105
Ignition (deg btdc) 21 26 28
Compression Ratio 9 9 9
0 to 1% (ms/deg) 1.5/14 1.2/13 1.2/15
at (deg btdc) 7 13 13
0 to 50% (ms/deg) 4.5/41 3.5/38 3.5/44
at (deg atdc) 20 12 16
0 to 90% (ms/deg) 6.2/56 5.1/55 4.9/62
at (deg atdc) 34 29 34
1 to 50%2 (ms/deg) 3.0/27 2.3/25 2.3/29
50 to 90% (ms/deg) 1.7/15 1.6/17 1.4/18
1 to 90% (ms/deg) 4.6/42 3.9/42 3.7/47
Soc (deg btdc) 10 16 18
Eoc (deg atdc) 44 42 46
Max pressure (bar) 28.0 34.0 31.0
at (deg atdc) 21 15 18
Std deviation:
Pmax 2.8 2.7 3.1
Timing Pmax 3.7 1.8 3.3
%4 Dispersion:
Pmax 9.9 7.9 9.7
Flame development model;
0 to 1% (ms/deg) 1.52/13.80 1.45/15.83 1.31/16.57
Integral scale
at soc (mm) 8.30 9.01 9.32
Laminar flame _
speed at soc (m/s) 0.565 0.544 0.572
(he/S) )" 0.060 0.065 0.064
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PRESSURE DERIVED PARAMETERS FOR TASKII
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Figure 5.7 The effect of speed — TaskII at the
stoichiometric mixture strength.
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Table 5.8 The effect of speed: chamber 3-2 at the

stoichiometric.
Reference 45
Chamber type 3-2
Excess air ratio 1.04
Engine speed (rpm) 1525 1
Ignition (deg btdc) 16
Compression Ratio 13
0 to 1% (ms/deg) 1.1/10
at (deg btdc) 6
0 to 50% (ms/deg) 4.2/38
at (deg atdc) 22
0 to 90% (ms/deg) 6.6/60
at (deg atdc) 44
1 to 50% (ms/deg) 3.1/28
50 to 90% (ms/deg) 2.4/22
1 to 90% (ms/deg) 5.5/50
Soc (deg btdce) 9
Eoc (deg atdc) 56
Max pressure (bar) 38.4
at (deg atdc) 11
Std deviation:
Pmax 2.9
Timing Pmax 3.0
% Dispersion:
Pmax 7.6
Flame development model:
0 to 1% (ms/deg) 1.14/10.44
Integral scale
at soc (mm) 5.55
Laminar flame
speed at soc (m/s) 0.592
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Figure 5.8 The effect of speed — chamber 3-2
at the stoichiometric mixture strength.
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Table 5.9 The effect of speed:

stoichiometric.
Reference 11
Chamber type Hrce
Excess air ratio 1.03
Engine speed (rpm) 1516
Ignition (deg btdc) 14
Compression Ratio 13
0 to 1% (ms/deg) 1.1/10
at (deg btdc) 4
0 to 50% (ms/deg) 2.7/25
at (deg atdc) 11
0 to 902 (ms/deg) 4.3/39
at (deg atdce) 25
1 to 50% (ms/deg) 1.6/15
50 to 90% (ms/deg) 1.6/14
1 to 90% (ms/deg) 3.2/29
Soc (deg btdc) 6
Eoc (deg atde) 34
Max pressure (bar) 45.1
at (deg atdce) 13
Std deviation:
Pmax 3.3
Timing Pmax 1.8
% Dispersion:
Pmax 7.4
Flame development model:
0 to 1% (ms/deg) 1.01/9.16
Integral scale
at soc (mm) 4.89
Laminar flame
speed at soc (m/s) 0.639
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146



Table 5.10 The effect of speed: TaskII at the lean

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btde)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50%  (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

29
TaskII

1.

1513
33
9

oo N

AN W

12
60

25.

18

12.

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

1.

8

0

[o 3 VL)

mixture limit.

27
TaskII
23
1806
33
9
.8/25 2
2
.3/57 7
44
.0/82 10.
79
.5/32 4
.7/25 3
.3/57 7
6
98
2 20.
6
3
7
8
75/15.87 1
.49 "8
.469 0
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Table 5.11 The effect of speed: chamber 3-2 at the lean
mixture limit.

Reference 47 40 1
Chamber type 3-2 3-2 3-2
Excess air ratio 1.48 1.49 1.50
Engine speed (rpm) 1500 1807 2105
Ignition (deg btdc) 29 37 33
Compression Ratio 13 13 13
0 to 1% (ms/deg) 1.8/16 1.4/15 1.4/18
at (deg btde) 13 22 15
0 to 10% (ms/deg) 2.7/ 2.3/ 2.1/
at (deg atdc)
0 to 50% (ms/deg) 4.9/44 4.3/47 4.0/51
at (deg atdc) 15 10 18
0 to 90% (ms/deg) 8.0/72 7.2/78 6.7/84
at (deg atdc) 43 41 51
1 to 50% (ms/deg) 3.1/28 2.9/27 2.6/33
50 to 90%Z (ms/deg) 3.1/28 2.9/31 2.7/33
1 to 90% (ms/deg) 6.2/56 5.8/63 5.2/66
Soc (deg btdc) 16 26 18
Eoc (deg atdc) 54 58 62
Max pressure (bar) 42 .8 49.5 46 .4
at (deg atdc) 6 6 7
Std deviation:
Pmax 3.7 4.8 4.5
Timing Pmax 1.5 1.2 1.5
% Dispersion:
Pmax 8.8 9.8 9.8
Flame development model:
0 to 1% (ms/deg) 1.61/14.46 1.83/19.79 1.43/18.02
Integral scale
at soc (mm) 6.34 8.29 6.66
Laminar flame
speed at soc (m/s) 0.408 0.353 0.358
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Figure 5.11 The effect of speed = chamber 3-2
at the lean mixture limit.
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Table 5.12 The effect of speed: Hrcc at the lean
mixture limit.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btde)
Compression Ratio

0 to 12 (ms/deg)
at (deg btdc)

0 to 102 (ms/deg)
at (deg atdc)

0 to 50% (ms/deg)
at (deg atdc)

0 to 902 (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)

1 to 90%  (ms/deg)
Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdce)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

14
Hrcc

1.

1512
24
13

2.

5

- N

- W

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

hg/S,
X at pmax (%)
mass at ive (g)

OO o

NS
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1.

1.
5

10
Hrcc
63
1810
25
13
1/19
.8/25 2
2
.5/41 4
21
.3/84 8
68
.4/22 2
.8/43 4
.2/65 6
8
82
9 39.
9
2
.41/12.79 1
.01 5
.395 0
L0127 0
.361 0
.128 0

=N

18/14.92

21
Hrcc
61 1.54
2100
26
13
8/20 1.2/15
11
.5/27 1.7/22
-4
.2/46 3.2/40
14 :
.6/93 6.3/79
53
.4/26 2.0/25
NYLY ©3.1/39
.7/73 5.1/64
14
68
0 47.3
9
8 3.4
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2 7.2
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Figure 5.12 The effect of speed — Hrcc at the
lean mixture limit.
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Table 5.13 The effect of chamber at the stoichiometric,

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btde)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btde)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

dp/dé max (bar/deg)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

25 revs/sec.

28
TaskII
1

1515
21

9

- W

10
47

28.

21

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

(he/s P°

1

8

0.

w N

45
3-2
.01
1525
16
13
.50/14 1
6
.5/41 4
22
.2/56 6
44
1/ 3
7/ 2
.6/ 5
9
56
0 38.
11
.52 0
8
7
9
.52/13.80 1
.30 5
565 0
.060 0

153

1.

w N

03

.10/10

.7/25

.3/39

.6/
6/
.2/

.40

.01/9.16
89

639

11

Hrcce
04 1.
1516

14

13
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Figure 5.13 The effect of chamber at the stoichiometric
mixture strength, 25 revs/sec.
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Table 5.14 The effect of chamber at the stoichiometric,

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)

1 to 90% (ms/deg)
Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

dp/d@ max (bar/deg)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

30 revs/sec.

25
TaskII

1.

1814
26

w =N

16
42

34.

15

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

(hy/S) Y0

oo
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PRESSURE DERIVED PARAMETERS FOR ALL CHAMBERS AT 30 R/S
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Table 5.15 The effect of chamber at the stoichiometric,

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)

1 to 90% (ms/deg)
Soc (deg btdc)
Eoc (deg atde)

Max pressure (bar)
at (deg atdc)

dp/df max (bar/deg)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

35 revs/sec.

30
TaskII

1.

2105
28
9

w =N

18
46

31.

18

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

(he/8 )2°

1.

02

.80/10

.1/27

.5/b4

.3/
vy
7/

42

N

.79/10.08
.95

.663

48 20
- 3-2 Hrce

06 1.03
2105 2116
19 15
13 13
.20/15 0.80/10 0
9 5
.5/44 2.8/35 2
16 12
.9/62 4.0/51 3
32 29
.3/ 2.0/ 1
4/ 1.2/ 1
.7/ 3.2/ 2
11 7
42 38
0 44 .9 47.
11 12
.62 1.13 1
-6 3
1 4.6 3.
3 2.5 1.
7 10.2 6.
.31/16.57 0.95/12.04 0
.32 5.73 4
.572 0.577 0
.064 0.046 0
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PRESSURE DERIVED PARAMETERS FOR ALL CHAMBERS AT 35 R/S
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Figure 5.15 The effect of chamber at the stoichiometric
mixture strength, 35 revs/sec.
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Table 5.16 The effect of chamber at the lean mixture

limit, 25
Reference 29
Chamber type TaskII
Excess air ratio

Engine speed (rpm) 1513
Ignition (deg btdc) 33
Compression Ratio 9
0 to 1% (ms/deg) 2
at (deg btdc) 8
0 to 10% (ms/deg) 4
at (deg btdc) -3
0 to 50% (ms/deg) 6
at (deg atdc) 24
0 to 90% (ms/deg) 9
at (deg atdce) 49
1 to 50% (ms/deg) 3
50 to 90% (ms/deg) 2
1 to 90% (ms/deg) 6
Soc (deg btdc) 12
Eoc (deg atdc) 60
Max pressure (bar) 25.
at (deg atdc) 18

Std deviation:

Pmax

Timing Pmax

% Dispersion:
Pmax 12.

1.

w

Flame development model;

0 to 1% (ms/deg)

Integral scale

at soc (mm)

Laminar flame

speed at soc (m/s)

1.

8.

0.

159

1.

revs/sec.
47
3-2
23
1500
29
13
.80/25 1
13
.00/ 2
5
.3/57 4
15
.0/82 8
43
.5/32 3
.7/ 3
.3/57 6
16
54
2 42
3
7 1
8
75/ 1
49 6
469 ¢]

48

.80/16

.70/

.9/44

.0/72

.1/28

.1/
.2/56

.61/

.34

.408

14
Hrcc

.

1512
24
13

2
5

2

- W

NS

63

.10/19

.80/

.5/41

.3/84

.4/22
.8/

.2/65

.41/12.79
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PRESSURE DERIVED PARAMETERS FOR ALL CHAMBERS AT 25 R/S
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Figure 5.16 The effect of chamber at the lean mixture
limit, 25 revs/sec.
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Table 5.17 The effect of chamber at the lean mixture
limit, 30 revs/sec.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

0 to 50% (ms/deg)
at (deg atde)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

27
TaskIl

1.

1806
33
9

10.

79

~N W o

w =

Flame development model:

0 to 1% (ms/deg)
Integral scale

at soc (mm)
Laminar flame

speed at soc (m/s)

1.
8.

0.

50

.90/31

.1/77

3/112

.2/46
.2/35
.5/81

e

85/

337

161

40
3-2
1
1807
37
13

LY S 6]

26
58

.49

.40/15

.3/47

.2/78

.9/27
.9/31
.8/63

N 0

.83/
.29

.353

10
Hrce

1.

1810
25
13

=

- N
N

.80/20

.2/46

.6/93

4/26
44T
.7/73

.24/
.01

.399



PRESSURE DERIVED PARAMETERS FOR ALL CHAMBERS AT 30 R/S
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Figure 5.17 The effect of chamber at the lean mixture
limit, 30 revs/sec. .
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Table 5.18 The effect of chamber at the lean mixture
limit, 35 revs/sec.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btdc)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btdc)
Eoc (deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

33
TaskII

1.

2116
38
9

VRN

16
72

27.

42

.00/26

.9/62

.3/93

.9/
4/
.3/67

14 -

13.

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

1.

9.

0

v >

67/

.377
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LN
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S
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.2/40

3/79

.0/
.1/

.1/64
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18/

.61

21

Hrcc

.50 1.
2100

26

13

.40/18 1
11

.0/51 3
14

.7/84 6.
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.6/ 2
7/ 3
.2/66 5
14
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4 47.
9

5 3
5 1.
8 7
.43/ 1.
.29 5
.353 0.
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PRESSURE DERIVED PARAMETERS FOR ALL CHAMBERS AT 35 R/S
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Figure 5.18 The effect of chamber at the lean mixture
limit, 35 revs/sec.
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Table 5.19 The effect of excess air: TaskII,
30 revs/sec.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1%
at

0 to 50%
at

0 to 90%
at

1 to 50%

50 to 90%

1l to 90%

Soc
Eoc

(ms/deg)
(deg btdce)

(ms/deg)
(deg atdc)

(ms/deg)
(deg atdc)

(ms/deg)
(ms/deg)
(ms/deg)

(deg btde)
(deg atdc)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

25
TaskII

1.

1814
26

16
42

34.

15

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

1.

9

0.

N

26
TaskII
04 1
1807
25
9
.20/13 1.
8
.5/38 4
27
.1/55 6
47
.3/25 2
.6/17 2
.9/42 5
12
64
0 28.
19
7
8
9 9,
45/15.8 1
.01 8
544 0.
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6
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PRESSURE DERIVED PARAMETERS FOR TASKII AT 30 R/S
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Figure 5.19 The effect of excess air — TaskII at
30 revs/sec.
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Table 5.20 The effect of excess air: chamber 3-2,
30 revs/sec.

Reference 39 41 40
Chamber type 3-2 3-2 3-2
Excess air ratio 1.02 1.17 1
Engine speed (rpm) 1825 1806 1807
Ignition (deg btdc) 22 25 37
Compression Ratio 13 13 13
0 to 1% (ms/deg) 1.10/12 1.10/12 1
at (deg btdc) 10 13 22
0 to 50% (ms/deg) 3.5/38 3.6/39 4,
at (deg atdc) 16 14 10
0 to 90% (ms/deg) 5.8/63 5.9/64 7
at (deg atdc) 41 39 41
1 to 50% (ms/deg) 2.4/26 2.5/27 2
50 to 90% (ms/deg) 2.3/25 2.3/25 2
1 to 90% (ms/deg) 4.7/51 4.8/ 5
Soc (deg btdc) 14 16 26
Eoc (deg atdc) 59 54 58
Max pressure (bar) 46.7 46 .4 49,
at (deg atdc) 12 12 6
Std deviation:
Pmax 4.4 4.1 4,
Timing Pmax 2.6 1.9 1.
% Dispersion:
Pmax 9.3 8.9 9.
Flame development model:
0 to 1% (ms/deg) 1.04/ 1.22/ 1.
Integral scale
at soc (mm) 6.07 6.34 8.
Laminar flame
speed at soc (m/s) 0.620 0.514 0.
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PRESSURE DERIVED PARAMETERS FOR 3-2 AT 30 R/S
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Figure 5.20 The effect of excess air ~ chamber 3-2
at 30 revs/sec.
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Table 5.21 The effect of excess air: Hrcc,
30 revs/sec.

Reference

Chamber type

Excess air ratio
Engine speed (rpm)
Ignition (deg btdc)
Compression Ratio

0 to 1% (ms/deg)
at (deg btde)

0 to 50% (ms/deg)
at (deg atdc)

0 to 90% (ms/deg)
at (deg atdc)

1 to 50% (ms/deg)
50 to 90% (ms/deg)
1 to 90% (ms/deg)

Soc (deg btdc)
Eoc (deg atdce)

Max pressure (bar)
at (deg atdc)

Std deviation:
Pmax
Timing Pmax

% Dispersion:
Pmax

9
Hrce
1
1815
16
13

—

Flame development model:

0 to 1% (ms/deg)
Integral scale
at soc (mm)
Laminar flame
speed at soc (m/s)

0.
4.

0.

.03

.00/11

.6/28

.1/45

.6/17
.5/17
.1/34

92/

609

169

15
Hrce
1
1813
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W =
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N

.18
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.2/46

.4/15
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.1/34

.02/
.37
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13

1.

80,20

.2/46

.6/93

.4/26
4/47
.7/73
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PRESSURE DERIVED PARAMETERS FOR HRCC AT 30 R/S
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Figure 5.21 The effect of excess air —:. Hrcc at
30 revs/sec.
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PREDICTED AND MEASURED FLAME DEVELOPMENT FOR

RICARDO E6 AND TASK ENGINES /COMPRESSION RATIO
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Figure 5.22 Comparison of predicted and measured
flame development with changes in compression ratio.
Task, (3-2 chamber) and Ricardo E6 engines.

171



PREDICTED AND MEASURED FLAME DEVELGPMENT FOR

CHAMBERS 3-2 AND HRCC AGAINST IGNITION TIMING
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Figure 5.23 Comparison of predicted and measured flame
development with changes in ignition timing.-
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PREDICTED AND MEASURED FLAME DEVELOPMENT FOR
ALL CHAMBERS AGAINST ENGINE SPEED
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Figure 5.24 Comparison of predicted and measured
flame development with changes in engine speed at
the stoichiometric mixture strength.
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PREDICTED AND MEASURED FLAME DEVELOPMENT FOR
ALL CHAMBERS AGAINST ENGINE SPEED
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Figure 5.25 Comparison of predicted and measured
flame development with changes in engine speed at
the lean mixture limit.
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PREDICTED AND MEASURED FLAME DEVELOPMENT FOR
ALL CHAMBERS AGAINST EXCESS AIR RATIO
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Figure 5.26 Comparison of predicted and measured flame
development with changes in mixture strength.
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CYLINDER VOLUME AND CHAMBER HEIGHT/ CRANK ANGLE
VARIOUS CONFIGURATIONS
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Figure 5.27 The change in cylinder volume and chamber height
with crankshaft position.
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CHAPTER 6 - EVALUATION OF THE ENGINE MODEL
Summary

A comparison is made between the experimentally derived fractional mass
consumed curves and the corresponding curves of the Weibe function. The
utility of the latter is noted to improve significantly with the most
rapid burning chamber since the rate of combustion is less dependent on
operating variables and hence a single function can be used over a wide
range of conditions. Experimental and theoretical pressure-crankangle
diagrams are compared and the influence of significant experimental
errors on the model output is evaluated. The effect of two heat
transfer correlations on engine model output is considered. The flame
development, heat transfer and friction sub-models are assessed in

Chapters 5 and 7.
6.1 Evaluation of e Weibe function

The interactive graphical technique devised to correlate the derived
fractional mass burned curves to the Weibe function produced closely
coincident curves for virtually all the data sets. A detailed
comparison of the experimental and correlated curves and mass burned
criteria together with the corresponding shape (z) and duration (a)
parameters is presented in Figures I.2 - I.57 (Appendix I). The
agreement between curves ‘is noted to deteriorate moderately towards the
end of the combustion process, typically exceeding 80X mass fraction
consumed. Such deviation is tolerable in light of the modest
contribution to global variables from this portion of the process and
the slight effect on fractional mass burned criteria. Poor correlation
is noted for the Hrcc at very weak mixture strengths where the
pressure-derived curve indicates a marked reduction in the burn rate
during the latter stages of combustion. In these cases the function
conforms closely up to a fractional mass consumed of around 60%, and
thereafter deviates widely. Despite the advanced heat-release schedule
this implies with respect to the conditions in the actual engine, the
cycle simulation returns a pressure-crankangle diagram and other global
parameters which vary in the same order of magnitude with respect to

the measured as other data sets where the function is more
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discriminating. Initial investigations into the effects of changes in
the Weibe parameters suggested that the model was most sensitive to
changes in the shape factor which influences the form of the curve in

the early stages of flame propagation.

Improved versatility could be achieved through correlating the shape
and duration parameters to changes in operating conditions, allowing
interpolation between measurement points as suggested by a previous
study, (4.14). However, the experimental results suggest a weaker
dependence on changes in operating conditions with rapid burning
chambers, and hence the shape and duration parameters vary only
slightly. Over the range of operating conditions, neglecting the very
weak mixture strengths for the Hrcc, values for the duration parameter
varied from 3.75 +/- 0.95, 3.6 +/- 0.85, 3.5 +/- 0,25 for the TaskII,
3-2 and Hrcc arrangements respectively whilst the corresponding changes
in the shape parameter were 1.2 +/- 0.3, 1.1 +/-0.3 and 0.95 +/- 0.15.
Tables 6.1 - 6.2 illustrate the change in the values of the salient
variables returned by the model for the slowest and most rapid burning
heat-release profile - determined by the range in the shape and
duration parameters appropriate to the Hrcc. The effect of such changes
is noted to be modest. A more detailed comparison is included in
Figures I1.40 - 1.42 (Appendix I).

Pressure-crankangle diagrams

Representative output is presented in Figures 6.1 - 6.3 and all
operating points are included in Appendix I (Figures I.2 - I.57).
Whilst experimental and theoretical pressures show close agreement
during compression, the latter are consistently higher once combustion
is initiated and remain so throughout the expansion stroke, with
commensurate effect on the indicated power. It is probable that this
results from error in the assignment of the maximum fractional mass
consumed since the range in the value of this parameter over the
operating conditions investigated (83 to 90X) is greater than the 70 to
90% reported by other workers, (4.14, 4.18, 4.45). The significant
variables influencing the maximum fractional mass consumed were
discussed in Section 4.3.3 and the effect of errors in some of these

variables is considered in the following section.
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6.2 The influence of experimental error or theoretical assumptions
Comparison of heat transfer correlations

A limited investigation was undertaken to compare the correlation of
Woschni, (4.37), with that of Eichelberg, (4.38). The variation in the
salient parameters returned by the engine model is detailed in Table
6.3. With the Eichelberg relationship the heat transfer to the coolant
is seen to exceed that of the Woschni correlation by around 400 W or
62%. A considerably smaller change is noted in the values of the other
variables, suggesting the relative insensitivity of these parameters to

errors in the heat transfer coefficient or area assignment.

Effect of error in the crankangle-pressure phasing

The effect of errors in the crankangle-pressure phasing was
investigated by assuming a phase shift of 2 degrees in the nominal
ensemble-averaged cycle. Table 6.4 illustrates the influence on the
derived fractional mass consumed curve and Table 6.5 the influence on
the corresponding Weibe function. Only a slight change is evident in
the profile of the former curve from the change in pressure-crankangle
phasing; the early stages of combustion are lengthier whilst the latter
are shorter. Appreciable effect is evident however in the value of the
indicated power obtained from the experimental data. The theoretical
fractional mass consumed curves are of very similar profile, although
retarded by the magnitude of the phase shift. Retarded combustion
phasing is reflected in the values of the variables output from the
cycle simulation: marginally attenuated peak pressure, peak
temperature, heat and work transfer (see Table 6.6). A more detailed

comparison is included in Figures I.35 and I.36 of Appendix I.

ect of erro the jinducted mass
The value of the inducted mass was increased by 7% assuming that all
other variables remained unchanged. The results are detailed in Table

6.7 and show a marked effect on the indicated power and pressure

parameters, with only moderate effect on the other variables.
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Figure 6.1 Comparison of measured and theoretical parameters for the
TaskIl arrangement.
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Figure 6.2 Comparison of measured and theoretical parameters for the
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Figure 6.3 Comparison of measured and theoretical parameters for the
Hrcc arrangement.




Table 6.1 Comparison of fractional mass burned

from the Weibe function assuming the shape and

duration parameters are adjusted to promote the
slowest and most rapid rate of heat release.

Slowest Nominal Fastest

burn burn burn
Soc (at ca) 353 353 353
Eoc (at ca) 400 400 400
Duration factor (a) 3.25 3.50 3.75
Shape factor (z) 1.10 0.90 0.80
0 to 1% (Deg) 12 12 11
0 to 10% (Deg) 19 17 16
0 to 50% (Deg) 32 30 28
0 to 90% (Deg) 49 47 45
1 to 90% (Deg) 37 35 34

Table 6.2 Comparison of model predictions, assuming the shape
and duration parameters are adjusted to promote the slowest and
most rapid rate of heat release.

Slowest Nominal Fastest
burn burn burn

Duration factor (a) 3.25 3.50 3.75
Shape factor (z) 1.10 0.90 0.80
Indicated power (kW) 1.622 1.641 1.653
Eng heat transfer (kW) 0.827 0.853 0.873
Peak pressure (Bar) 43.9 47.4 49.9
Peak burned gas temp (K) 2516 2536 2549
Gas temp at evo (K) 1369 1348 1334
Chamber : Hrce
Speed : 1815 rpm
Excess air: 1.03
Cr ;0 13:1
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Table 6.3 Comparison of heat transfer correlations;
Eichelberg, (4.38) and Woschni, (4.37).

Eichelberg Woschni % Error

Indicated power (kW) 1.112 1.247 11.0
Eng heat transfer (kw) 0.999 0.615 62.0
Predicted/measured - (%) 89.0 54.7 62.0
Peak pressure (Bar) 49.1 50.4 2.5
Peak burned gas temp (K) 2114 2193 3.6
Peak unburned gas temp (K) 890 896 0.7
Gas temp at evo (K) 947 1100 14.0
Pressure at evo (Bar) 2.8 3.2 14.0

Chamber : 3-2 (13:1)
Speed : 1800 rpm
A/F ratio: LML

Table 6.4 Comparison of derived

fractional mass burned criteria,

pressure retarded 2 degrees with
respect to crankangle.

Soc (at ca) 342 344
Eoc (at ca) 422 424
0 to 1% (Deg) 18 20
0 to 10% (Deg) 26 28
0 to 50% (Deg) 50 49
0 to 90% (Deg) 84 83
1 to 90% (Deg) 66 63
I Power W) 1268 1445
Chamber 0 3-2 (13:1)

Speed : 2105 rpm

A/F ratio : LML

Soc : 342 deg

Table 6.5 Comparison of fractional

mass burned from the Weibe function,

pressure retarded 2 degrees with
respect to crankangle.

Soc (at ca) 342 344
Eoc (at ca) 422 424

0 to 1% (Deg) 19 21

0 to 10% (Deg) 28 29

0 to 50% (Deg) 48 49

0 to 90% (Deg) 77 79

1 to 90X (Deg) 58 58
Shape factor (z) 0.90 0.83
Duration factor (a) 3.75 3.75
Chamber v 3-2 (13:1)

Speed : 2105 rpm

A/F ratio : LML

Soc : 342 deg
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Table 6.6 Comparison of model output, pressure
retarded 2 degrees with respect to crankangle.

Soc (at ca) 342 344
Indicated power (kW) 1.489 1.481
Eng heat transfer (kW) 0.632 0.622
Peak pressure (Bar) 45.5 44,7
Peak burned gas temp (K) 2132 2125

Gas temp at evo (K) 1125 1130
Chamber ¢ 3-2

Speed : 2105 rpm

A/F ratio : IML

Cr :13:1

Soc : 342 deg

Table 6.7 Comparison of the effect of a 7% increase in the
inducted mass.

% change
Indicated power (kW) 1.260 1.376 9.2
Eng heat transfer (kW) 0.723 0.745 3.0
Peak pressure (Bar) 40.2 42 .4 5.5
Peak burned gas temp (K) 2517 2498 -0.8
Gas temp at evo (K) 1388 1379 -0.6
Pressure at evo (Bar) 3.6 3.9 6.9
Chamber 1 3-2
Speed : 1516 rpm
Excess air : 1.04
Cr : 12:1
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CHAPTER 7 - ENERGY FLOWS
Summary

The utility of energy flow data is discussed within the context of this
work and a lack of such data is identified in the literature. It is
concluded that particular consideration to small energy transfers and
to accurate measurement techniques is implied in light of the small
capacity of the engine under study. Procedures are described to ensure
the reliability of data. The observed influence of operating and design
variables on the magnitude and distribution of heat and work transfers
and frictional losses together with the significance of small terms
including oil heat transfer, blowby, ambient, unburned fuel and
measurement losses 1Is discussed in detail. Where appropriate, the
output from the engine model is compared with the experimental data.
The chapter concludes with general comments on ignition timing and

noise levels.
7.1 Introduction

The study of energy flows in small engines is poorly documented in the
literature. The relevance of any ﬁrevious study is also uncléar in
light of the novel construction, fuel type and proposed application of
the unit under investigation. A study of the influence of changes in
design and operating variables on the magnitude and relative
proportions of the energy transfers is of value since benchmark data is
accrued, contributing to the understanding of the processes involved
and allowing potential areas for improvement to be identified. The data
obtained can also be used in the form of an energy balance to confirm
the reliability of measurement, to validate the engine model or to

complement the combustion analysis.

Since heat recovery is an important factor in the performance of both
heat pump and combined heat and power units, detailed heat transfer
data is necessary to assess the performance of such units and the
likely performance based on the potential for further development and
improvement. Admitting geometric similarity between engines of

different size, smaller engines have greater surface area-to-volume
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ratios than larger counterparts and hence engine heat transfer can be
expected to be higher, (2.8, 7.1, 7.2). Furthermore, energy flows
reasonably neglected in the case of larger engines may well be of
greater significance as size reduces, these could include ancillaries,
blowby, unburned fuel or measurement techniques such as gas analysis.
Implicit in such considerations is the requirement for accurate
measurement. (Instrument calibration and other procedures undertaken to

support the validity of measurements are discussed in Appendix IV.)

Frictional losses have also been found to be significant in engines of
this type, (1.29, 7.1), whether this is due to low cylinder wall
temperatures as suggested by Taylor, (7.1), or lack of incentive for

detailed design is unclear.

Following these considerations and those relating to work transfer
discussed in Chapter 1, investigations were undertaken to establish the
effect of operating and design variables on energy transfers. The
magnitude and distribution of heat and work transfer, frictional losses
and the significance of small terms including oil heat transfer,
blowby, unburned fuel, exhaust gas analyser and ambient losses were

considered.

7.1.1 Energy balance

To complement instrument calibration (see Appendix IV) and validate
experimental measurement, an energy balance was undertaken at all
operating points where pressure-crankangle data were obtained. The
energy balances were based on gas quality data applicable to the local
area on the dates of testing which were kindly supplied by R.J.
Wadsworth of British Gas. A sample analysis is presented in Appendix IV

and includes gas composition, density and calorific values.

Where appropriate, the thermodynamic properties of low temperature
combustion products were determined using a method detailed in
Reference 2.8 and described in Section 2.5. The exhaust mass flow rate
was evaluated from the calculated air-to-fuel ratio determined from
exhaust gas analysis and the measured gas flow rate, with due

consideration to mass loss through blowby and emissions sampling.
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The significant terms in the energy balances are presented in Figures
I1.2 - II.19 (Appendix II). Further details of the experimental and
theoretical techniques applied to evaluate the components of the energy
balances are described in Section 2.5 and later sections of this

chapter. The following quantities were considered:
Exhaust heat transfer

This term comprised losses at the exhaust manifold (despite extensive
lagging with high temperature Kaowool ceramic fibres), the reclaimed
heat at the exhaust heat exchanger and the losses associated with the
removal of exhaust gas for analysis and referencing of exhaust products
to standard conditions. This latter quantity comprised two components:
that represented by the enthalpy change of gaseous products from
exhaust exit temperature to the reference temperature and that

represented by condensing vapour.

Engine heat transfer

The engine coolant included the contribution from the piston friction.
Unburned hydrocarbons

The energy loss from fuel surviving the combustion process was

evaluated from the measured exhaust concentrations of unburned

hydrocarbons.

Work transfer

The work transfer was determined by integrating the pressure-volume

diagram.

kcase blowb

This term was based on a mass loss-to-speed correlation determined from

blowby measurements.
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Ambient loss

The ambient loss was assigned the value of the outstanding term in the
energy audit. Comparisons were also made with the value determined
using the heat transfer characteristics of the thermal enclosure

surrounding the engine and the appropriate temperatures.

Frictional losses and oil heat transfer are included in the form of
heat energy in the various quantities previously described. The change
in magnitude and relative distribution of the components in the energy
balance and other energy flows as operating conditions vary is

discussed in the following pages.

7.2 Indicated thermal efficiencies

As expected, the detailed study into the effect of operating and design
variables on rates of heat release anticipates the effect of such
variables on the engine indicated thermal efficiency, accordingly, only
general observations are appropriate in this section. Efficiency data
are presented in Tables 7.1 - 7.3 and graphical output in Figures II.2
- 11.19 (Appendix II).

When compared with the original TaskIl arrangement, the Hrcc was found
effective in increasing the thermal efficiency by 3 percentage points
at stoichiometric conditions at all speeds, around 6 percentage points
at the mixture strength for maximum efficiency and was able to maintain
higher efficiency levels with extended lean mixture operation: at the
mid-range speed the thermal efficiency increased to 25X at
stoichiometric operation, to 29.5% at the optimum mixture strength
(excess air ratio of 1.15) and to 24X at the lean mixture limit (excess
air ratio of 1.61). At stoichiometric conditions and at the lean
mixture limit, irrespective of speed or compression ratio, the
performance of the 3-2 chamber was in general lower than that of the
Hrcc arrangement but exceeded that of the TaskII configuration. At
stoichiometric air-to-fuel ratios, slightly improved thermal
efficiencies of around 1 percentage point were evident for all chambers

with increasing speed, whilst at the lean mixture limit a more positive
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effect was apparent: the performance of the 3-2 chamber at equal air-
to-fuel ratio improving by 3.5 percentage points. Adverse changes in
geometry are thought to account for the poor performance of the 3-2
chamber at higher compression ratios. This was discussed in detail in
Section 5.7.2.

The effects of parametric changes on engine performance and emission
levels were investigated in a preliminary study on a similar engine,
(1.30), in which the efficiency of the 3-2 arrangement was found
comparable with that established for the Hrcc and the engine used in
this study. Although the causes for these discrepancies have not been
positively identified, it is probable that the high levels of blowby
and frictional losses measured on the engine used in this study are at
least partly responsible (see Sections 7.5 and 7.10). Whilst
discouraging in that the development process has realised only relative
(although significant) improvements in efficiency, the objectives of
the study have not been compromised and furthermore, the performance of
the current engine in its original configuration is illustrative as it
is representative of the performance of, and problems associated with,

similar off-the-shelf units.

Considering the relative performance of the 3-2 and Hrcc arrangements
discussed above and the potential for reductions in frictional and

blowby losses, the observed improvement in efficiency is encouraging.
7.3 Engine heat transfer

Introduction

A simplified analysis of the correlation for the instantaneous,
spatially-averaged heat transfer coefficient based on the Nusselt,
Prandtl and Reynolds number relationship for turbulent flow in pipes or
over flat plates (see Section 4.3.5) shows gas temperature, pressure
and velocity substantially controlling the engine heat transfer
coefficient, (4.37):

h= 3.263_0'2 PO.B T-0.55 wo,s
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where:

B - cylinder bore (m)

h - heat transfer coefficient (W/mz.K)
P - gas pressure (kPa)

T - gas temperature (K)

w - gas velocity (m/s)

It is to be expected therefore that changes in operating or design
variables such as chamber arrangement, engine speed, excess air ratio,
compression ratio and ignition timing will affect the engine heat
transfer through changes in the gas velocities or properties together

with any changes in wall temperature or geometry.

Discussion of the experimental results

The calorimetry on which the graphs in this and the following section
dealing with exhaust heat transfer are derived is presented in a more
extensive and detailed format in Appendix II. With respect to the data
in Appendix II the following observations are pertinent at the outset;
although linear relationships between engine and exhaust heat transfer
and the exhaust temperatures with respect to the excess air ratio are
suggested, and furthermore, the substantial data accrued to support
such relationships are characterised by remarkably low scatter, it has
been reported, (1.29, 4.18, 7.3, 7.4), that non-linear relationships
are to be expected, particularly around the stoichiometric air-to-fuel
ratio. Such inconsistency is not necessarily a cause for concern,
primarily since the bulk of measurements were obtained at weak
conditions, but also in light of the small variation in the magnitude
of the quantities measured with changing mixture strength.

Engine heat transfer data (including piston friction) under all
conditions investigated are shown as a proportion of incoming fuel
energy against the excess air ratio in Figure 7.1. It is evident that
the effect of all operating variables, with the exception of the excess
air ratio, is small. Although not indicative of a functional
relationship, the data are noted to deviate by around +/- 2 percentage
points from a line of best fit. The coolant load is typically 32% of
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fuel energy at the stoichiometric mixture strength, reducing to around

25% at the lean mixture limit.

Also included in Figure 7.1 are the predicted engine heat transfers at
the operating points where pressure-crankangle data were obtained.
These data are remarkably consistent with the measured values, showing
a similar deviation from a line of best fit and a relative magnitude of
around half the corresponding experimental values, consistent with the
findings of other workers (2.9). Piston friction (see Section 7.10)
accounts for some 2 to 3% of the fuel energy, depending on the
operating condition, hence the engine heat transfer to the coolant is
approximately equally distributed between the working and
exhaust/blowdown portions of the cycle. A comparison of the
experimental and theoretical heat transfers at each operating point is

included in the figures of Appendix I.

The influences of ignition timing, compression ratio, engine speed and
chamber arrangement are presented against a base of excess air ratio in
Figures 7.2 - 7.7. These figures show that the chamber arrangement is
the most significant variable influencing the heat transfer together
with the excess air ratio identified earlier. Noting the weak
influences of compression ratio, engine speed and ignition timing, it
is illustrative to consider the performance of each configuration under
all operating conditions with changes in mixture strength. The data are
well correlated according to a line of best fit. The results of this
analysis are compared with the corresponding theoretical values in

Figure 7.8 and again a good measure of agreement is noted.

Over the range of mixture strength, Figure 7.8 indicates that a
consistently higher proportion of the fuel energy (1 - 2X) appears in
the engine coolant when the performance of the Hrcc is compared with
the 3-2 arrangement. With the TaskII chamber, at the stoichiometric
condition, heat transfer as a proportion of fuel energy exceeds that of
the other configurations by around 3 percentage points falling rapidly
with weakening mixtures to a level comparable with the 3-2 chamber.
Whilst recognising the limitations of the experimental evidence it is
possible to propose a number of important chamber-specific variables

thought likely to influence the relative performance of the
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configurations. It was established in Section 5.7.5 that the TaskII
chamber is relatively intolerant of weakening mixtures and although
combustion rates in this configuration in general exceed those in the
3-2 chamber at stoichiometric conditions, the slowest rates are
apparent at leaner mixtures. It was also noted that the Hrcc promotes
the fastest rates of heat release. The predicted peak gas temperatures
(see Figure 7.9) are consistent with the combustion rates; higher
temperatures corresponding to faster rates of heat release. At
stoichiometric conditions this sugéests that it is the surface area of
the TaskII chamber (around twice that of the other arrangements) that
is the significant factor in heat transfer, whereas at weaker
conditions the gas temperature appears to predominate. Rapid rates of
heat release, centred closely around tdc, suggest that it is the gas
temperature which is the significant variable influencing the heat
transfer in the Hrcc when compared with the 3-2 chamber where surface

areas are similar.

Whilst the effect of compression ratio on engine heat transfer is
small, at around +/- 1% of fuel energy over the range of excess air
(see Figure 7.3), the significance of the influence of adverse

geometrical effects referred to in Section 5.7.2 is unclear.

The closed cycle predictions (see Figure 7.10) indicate a strong
dependence on ignition timing, whilst the measured quantities, with the
exception of the TaskII configuration, show only a moderate dependence
(see Figure 7.2). This suggests, as expected, that the lower gas
temperatures at exhaust valve opening which are associated with
advancing ignition result in a proportionally smaller contribution from
the blowdown/exhaust portion of the cycle. The stronger dependence on
spark timing evident for the slower burning TaskII configuration is to
be anticipated because initiating combustion later in the stroke has a
greater volume effect with longer burn duration than with shorter
(assuming that burn duration remains unchanged with spark timing) since

the rate of volume change is small around tdc.
No clear effect can be attributed to variations in engine speed (see

Figure 7.4). The TaskII configuration shows the greatest dependency

consistent with the strong influence of engine speed on combustion
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rates noted in Section 5.7.4. Similar indeterminacy is apparent from

the cycle simulation (see Figure 7.11).

Conclusions

It may be concluded that the engine heat transfer from a unit of this
type running within the likely range of operating and design variables
will not vary by more than +/- 2% of fuel energy at a given excess air
ratio, falling from around 32X of fuel energy at stoichiometric

conditions to around 25% at the lean mixture limit.

A thermally efficient configuration may reject a greater proportion of
fuel energy to the engine coolant than a less efficient arrangement.
Although the least efficient TaskII configuration rejects the greatest
proportion of fuel energy to the coolant, the most efficient Hrcc does
not reject the least. (In the next section the most efficient chamber

is shown to reject the least proportion of fuel energy to the exhaust.)

The effects of the ignition timing, excess air ratio and engine speed

are most pronounced for the slower burning TaskII configuration.

7.4 Exhaust heat transfer

Introduction

Reducing a time-and spatially-averaged Nusselt, Prandtl and Reynolds
number relationship found appropriate to convective heat transfer in
straight sections of exhaust pipe (Malchow et al., cited in 2.8, 2.9)
with the gas conductivity- and viscosity-to-temperature relationships
developed by Woschni, (4.37), the heat transfer coefficient is seen to
be strongly dependent on pipe diameter, gas temperature and velocity,
since pressure changes are small. Hence the influence of design and
operating variables on the exhaust heat transfer will arise mostly
through changes promoted in the gas temperature and velocity, since
geometry and wall temperature are sensibly constant for all operating

conditions.
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Discussion of the experimental results

Figures I1I.2 - II.19 (Appendix II) show that for all speeds around the
stoichiometric air-to-fuel ratio the Hrcc configuration exhibits the
lowest exhaust temperatures whilst the 3-2 (nominal configuration)
chamber has the highest. As the mixture weakens, the highest
temperatures are in general evident for the TaskII configuration and
the lowest for the Hrecc. Increasing engine speed effects around a 75 K
rise in temperature for all chambers at the stoichiometric air-to-fuel
ratio with a lesser influence as the mixture weakens. Temperatures
reduce with excess air: the TaskII configuration least and the 3-2
chamber most; the latter around 100 K for the nominal arrangement at
average speed over the range of excess air. Temperatures decrease
markedly with advancing ignition timing: typically 100 K for 15 degrees
advance (excluding the Hrcc where a reduced dependence is evident,
producing only half the fall in temperature). Slight reductions in
temperature are noted with increasing compression ratio at constant

speed over the range of excess air.

Predicted temperatures at exhaust valve opening are illustrated in
Figures 7.12 - 7.14 for all operating conditions at the three speeds.
These data are noted to be consistent trend-wise with the measured mean
exhaust temperatures. Around the stoichiometric air-to-fuel ratio at
all speeds, the Hrcc configuration exhibits the lowest temperatures
whilst the 3-2 (nominal configuration) chamber has the highest. As the
mixture weakens, the highest temperatures are evident for the TaskII
configuration and the lowest for the Hrcc. The ignition timing and
excess air ratio have a marked effect on the gas temperature, for
example, in the case of the 3-2 chamber at the mid-range speed a 15
degree advance produces a 200 K decrease in temperature and a reduction
of around 300 K is apparent over the range of excess air. Only slight
variations in temperature are evident between speeds at constant air-
to-fuel ratio for a given chamber, or for changes in the compression
ratio for the 3-2 chamber. These are small enough to be
indistinguishable from any inconsistency following from the range in

optimum ignition timing setting.
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The effects of ignition timing, compression ratio, engine speed and
chamber arrangement on exhaust heat transfer, expressed as a percentage
of fuel energy, are presented against a base of excess air in Figures
7.2 - 7.7. Broadly, the heat transfer under all operating conditions
varies at a given excess air ratio by +/- 4% of fuel energy, rising
from 27% of fuel energy at the stoichiometric mixture strength to 30%
at the lean mixture limit,

Heat transfer to the exhaust is noted to increase with speed by a;ound
3% of fuel energy, irrespective of mixture strength or chamber
arrangement (see Figure 7.4). The observed influence of engine speed on

exhaust temperatures anticipates this effect on heat transfer.

Heat transfer to the exhaust is least for the Hrcc configuration, most
for the 3-2 chamber at the stoichiometric condition, but most for the
TaskII chamber at weaker mixtures over the range of speed considered
(see Figures 7.5 - 7.7). These observations are consistent with the
measured mean exhaust temperatures and the predicted temperatures at
exhaust valve opening. All other factors being equal (such as blowby
and unburned hydrocarbons) the Hrcc characteristics are implied by the
highest thermal efficiencies and, with respect to the 3-2 chamber, the
moderately higher engine heat transfer it'ientified earlier. When
compared with the 3-2 chamber (nominal configuration) at stoichiometric
mixture strengths, the TaskII configuration features lower thermal
efficiency and higher engine heat transfer. The sum of these two terms
exceeds that in the 3-2 arrangement and hence the lower exhaust heat
transfer is to be expected. As the excess ailr ratio increases, engine
heat transfer and thermal efficiencies reduce significantly in the
TaskII chamber with poor tolerance to weakening mixtures and markedly

higher exhaust heat transfer results.

Increases in exhaust heat transfer of around 2 to 4X of fuel energy are
noted as the ignition timing retards by about 15 degrees. This is
consistent with the observed changes in mean exhaust gas temperature
and the predicted gas temperature at exhaust valve opening. It is
evident that reducing engine heat transfer is broadly reflected in
increasing exhaust heat transfer with due consideration to the thermal

efficiency and unburned fuel (see Figure 7.2).
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To interpret the observed influence of compression ratio on exhaust
heat transfer, it is illustrative, initially, to consider this
influence in general on engine performance. It is widely recognised
that improved efficiency, slightly reduced engine heat transfer and
diminished exhaust heat transfer result from increasing compression
ratio; the latter from lower burned gas temperatures late in the
expansion stroke. Such beneficial effects persist until the compression
ratio for maximum efficiency is reached. This restriction on the
compression ratio is thought to be influenced primarily by the changing
combustion chamber geometry adversely affecting burn rates as quenching
becomes more significant and the flame shape increasingly deviates from
the spherical form. Heat transfer rises slightly with unfavourable
changes in the surface area-to-volume ratio. The increasing importance
of crevice volumes and frictional losses and/or detonation limiting the

optimum spark timing are additional factors.

Although Figure 7.3 shows that the measured exhaust heat transfer
reduces steadily with increasing compression ratio, consistent trend-
wise with the observed reduction in mean exhaust gas temperatures noted
earlier, higher engine efficiency together with reduced engine and
exhaust heat transfer are evident at stoichiometric conditions only as
the compression ratio is increased from 9 to 10:1, any further
increases resulting in lower engine efficiency and in general increased
engine heat transfer. Thermal efficiencies are detailed in Table 7.3.
It is most probable that the observed trend of exhaust heat transfer is
reflecting deteriorating combustion quality rather than the expected
beneficial effects of higher compression ratio setting. The combustion
characteristics of this particular chamber with increasing compression
ratio were discussed in detail in Section 5.7.2, and in Chapter 8
increasing hydrocarbon levels with higher compression ratios are also

discussed.

Conclusions

The influence of design and operating variables on exhaust heat
transfer is more pronounced than the influence on engine heat transfer.
The exhaust heat transfer under all operating conditions investigated

varies by +/- 4% of fuel energy at a given excess air ratio, rising
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from around 27% of fuel energy at the stoichiometric mixture strength

to around 30% at the lean mixture limit.

The predicted gas temperatures at exhaust valve opening and the

measured mean exhaust gas temperatures are consistent trend-wise.

The reclaimed heat over all operating conditions represents only one
third to .one half of the total exhaust heat transfer, since a
measurable loss was present at the exhaust manifold, exhaust gas was
removed for emissions sampling and combustion products left the heat
exchanger without condensing. There is potential for further
improvement in this area; with suitable modifications to the heat
exchanger including a water-cooled manifold and a condensing stage
(possibly located in the proximity of the evaporator in the heat pump
package) it should be possible to reclaim almost all of the exhaust

heat loss.

The total heat transfer for the three chambers over virtually all
operating conditions investigated accounts for 58% of fuel energy +/-
2% of fuel energy at the stoichiometric air-to-fuel ratio and 56X of
fuel energy +/- 3% of fuel energy at the lean mixture limit (see
Figures 7.15 - 7.16). Excluding the setting of 9:1, where the total
heat transfer exceeds the spread noted for the influence of the other
variables, the effect of compression ratio on total heat transfer is
negligible at less than +/- 1% of fuel energy over the range of excess

air.

7.5 Crankcase blowby

Introduction

Crankcase blowby can be responsible for significant energy losses. It
also influences exhaust hydrocarbon emission levels through in-cylinder
flow dynamics. Increased levels of blowby have been found to reduce
exhaust hydrocarbons (7.5). Gases collecting in the crankcase are
usually (although currently not a feature of the Task engine) recycled
through the inlet manifold to reduce atmospheric pollutant levels and

maintain efficiency. This study was conducted to establish the
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proportion the blowby represented in an overall energy balance, to
evaluate the mechanical design and to provide a simplified correlation

for the engine model for validation and prototype development.

Experimental methodology

Motoring tests were used to investigate crankcase blowby. Firing
conditions were simulated using a high compression ratio cylinder head
together with a heated lubrication and coolant facility. This procedure
was preferred to measurements made on the firing engine because the
composition of the blowby gas was unknown, although a previous study

has assumed the composition to be air, (7.7).

Air mass flow rates were determined at the inlet manifold and the
crankcase exit to atmosphere using volume flow, pressure and
temperature measurements. The effects of pulsating flow were minimised
at inlet by use of a laminar air flow meter and at crankcase exit the
flow was directed through a plenum. In-cylinder pressure was displayed

continually on an oscilloscope.

The crankcase and rocker box were sealed prior to testing and the
condition of the valves and valve seats were checked. Engine speed was
varied from 15 to 35 rev/sec and the compression ratio from 14 to 21:1,

producing peak cylinder pressures of around 30 and 45 bar respectively.
iscussion of results and comparison wit b

The measured blowby expressed as a percentage of incoming charge is
presented in Figure 7.17 and shows a strong pressure and time
dependence. The blowby flow rates were observed to increase from around
2.9 to about 4.5 litres/min as the compression ratio increased from 14
to 21:1. That the data obtained under motoring conditions at the higher
compression ratio simulated typical firing conditions was corroborated
by a simplified analysis of measurements made with the engine firing at
the lower compression ratio. In comparison with previous work, (7.5,
7.6, 7.8), blowby flow rates were found comparable with those of firing
engines but excessively high when referenced to the mass of incoming

charge where a value of around 1 to 2.52 is usual, (2.8, 2.9, 7.7).
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Ener loss to blowb

The mass loss to blowby during the experimental programme was estimated
at each operating point based on a simple speed correlation determined
from the blowby measurements at the higher compression ratio according

to: )

m; = —0.3N + 14.26

where m; is the mass loss to blowby (percentage of incoming charge) and

N the engine speed in rev/sec.

In the absence of experimental data, the proportion of reactants to
products within the blowby was set to a nominal value of 0.6,
consistent with published work, (2.9). The energy loss then comprised
an enthalpy term referred to standard conditions together with the
energy of the unburned fuel. The magnitude of this loss was estimated

at around 4.5, 3.5 and 2.5% of the incoming fuel energy at speeds of
25, 30 and 35 rev/sec respectively.

A blowby allowance was incorporated into the closed cycle engine
simulation based on the known mass at inlet valve closure and the above

speed correlation; the method is detailed further in Section 4.3.8.

Conclusions

Energy loss to blowby is significant, particularly at low speed,

accounting for some 4.5% of fuel energy.

Blowby flow rates are comparable with those reported from previous
studies of engines with larger capacity although excessive when
referred to the incoming charge. The possibility of mechanical defect

or a scaling effect should be addressed.

A mechanical configuration incorporating features to minimise blowby
implies more, rather than less, piston rings with gas tight joints. A
piston ring of low width to minimise flutter and running in a smooth
cylindrical bore is also desirable. Such features often have a

detrimental effect on production complexity, friction and mechanical
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strength or are influenced by operational factors such as wear. In the
shorter term the AEconoseal piston ring assembly described in Reference

7.6 appears to offer a compromise between these conflicting

requirements,

The ring gap area was measured at the middle of the range applicable to

production engines, a reduction in area would be desirable.

1.6 Ambient loss
Introduction

The ambient loss is usually assigned the value of the outstanding
quantity in the energy balance, although a detailed energy audit
reported in Reference 7.3 refers to direct measurement techniques.
Direct measurement is attractive because it precludes cumulative
measurement errors. Agreement of results obtained by both methods is a

further confirmation of the reliability of the data.

An enclosure comprising an aluminium skin lined with medium density
Rockwool glass fibres was manufactured to surround the engine in order
that noise and heat transfer to the atmosphere were kept to a minimum
(see Plate 2.1). Providing the heat transfer characteristics of the
enclosure are known, the ambient loss can be obtained from the
atmospheric and cabinet temperatures recorded during the test. Since
only a small range in coolant and ambient temperatures was noted during
the experimental programme it is to be expected that the ambient loss

should remain reasonably constant.

Experimental methodology

A 1 kW heating element was installed within the cabinet coupled to a
variac and watt meter. With the temperature of the engine increased to
operating levels using the oil and coolant heating facilities, the
energy input was then controlled by the heating element alone and
conditions allowed to stabilise. Measurements of cabinet and ambient
air temperatures were recorded periodically over several hours. The

procedure was repeated at various levels of energy input and the
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relationship between energy input and the cabinet-to-ambient
temperature difference determined. The air temperature within the
enclosure was also measured throughout the test programme over a wide

range of operating and test conditions.

Discussion of the experimental results

Using the above relationship and the temperature difference between the
enclosure and atmosphere together with the test data, the ambient loss
was calculated for each test condition and was found to represent from
7 to 14% of the fuel input. The ambient loss determined by difference
in the energy balance was found to represent from 10 to 20X of the fuel
input, comparing favourably with a previous study of a single-cylinder
engine, (7.4). The ambient losses determined by this latter method are
included in the figures of Appendix II.

The difference between the ambient loss calculated from the energy
balance and the loss calculated by the enclosure method, expressed as a
proportion of incoming fuel energy, is illustrated in Figure 7.18 for
the 3-2 and Hrcc arrangements; it is less than 6% for 75% of all
readings and represents the outstanding energy term. Ambient losses
assigned the value of the outstanding term in the energy balances
accounted for around 700 +/- 300 W over the range of operating
conditions whereas those estimated from the enclosure tests accounted
for around 550 +/- 220 W. Considering the number of experimental
measurements and calculations involved in the energy balance term and
that the enclosure tests would underestimate heat transfer because air
movement both within the enclosure arising from engine ancillaries and
outside from the dynamometer fan were not simulated, there is

remarkably good agreement.

Conclusions
The ambient loss represents a significant proportion of the fuel energy

that remains unclaimed. A reduction is desirable through effective

lagging or enclosure.
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Recognising that the engine of the current integrated engine/compressor
configuration has the surface area of a four-cylinder arrangement, the
measured engine ambient loss is higher than that which could be
achieved utilising an independent unit. Single-cylinder units are
however, disadvantaged in comparison with multi-cylinder engines
because the external surface area does not diminish in proportion to
the number of cylinders. The relative merits therefore of either

independent or integrated engine/compressor units in a heat pump

require further study.

7.7 _Unburned hydrocarbons

The effect of operating and design variables on this term follows from
the discussion of such effects on emission levels described later in
Chapter 8; more general statements concerning the magnitude and the
most significant variables influencing this loss are described in this
section. The data referred to are presented in Figures II.2 - II.19
(Appendix II).

Minimum losses of around 2 to 3% of incoming fuel energy are noted to
occur over a range of excess air ratios from about 1.1 to 1.3. The
losses increase when mixture strengths are enriched or weakened outside
this range, rising typically to 3 or 4% at the stoichiometric air-to-
fuel ratio and the lean mixture limit. All tests conducted with the 3-2
configuration at compression ratios greater than 12:1 and the Hrcc show
significantly higher losses at the lean mixture limit at around 5 to
7%.

7.8 losses at the gas analyser

The analyser loss was determined from measurements of the flow rate
through the positive displacement analyser sample pump, together with
the thermodynamic properties of exhaust gas. The latter were calculated
using the method detailed in Section 2.5 and the loss was referred to
standard conditions. The magnitude of this term varied from around 0.7

to 1.2% of fuel energy, depending on operating conditions.
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7.9 01l heat transfer

The o0il heat transfer was determined from measurements of the flow rate
through the remote, gear-type oil pump together with the measured oil
temperatures at engine inlet and outlet and appropriate thermodynamic
properties. Inspection of the early test data showed that this quantity
was small at typically 35 W, and no significant difference was noted as
operating conditions were varied. Accordingly, subsequent heat
transfers were based on representative values from the earlier work and
varied from about 0.6 to 1.3% of fuel energy depending on operating

conditions. The oil temperatures were, however, continuously monitored.
7.10 Frictional losses

7.10.1 Introduction

Quantifying engine friction and component contributions in the form of
generalised correlations or sub-models in an engine model is of
interest from the aspect of prototype development since the effect of
parametric changes can be readily investigated without recourse to
experimental method; also the dominant parameters are identified.
Generalised correlations are also of value as a diagnostic tool in the
evaluation of the mechanical design, providing a datum against which
the experimental data can be compared. The objective is to further
understanding of the mechanisms involved and to apply this to component
design in order that improved efficiency can be achieved through
reduction in frictional loss. Engine friction also has some bearing on
the sizing of coolant systems. Piston friction particularly has been
found to account for a significant proportion of heat transfer to the
cooling jacket, (7.3, 7.9); at high engine speeds up to 60%, (7.3).
Since frictional losses remain sensibly constant at a given speed they
become substantially more significant as the output is reduced through
either quality or quantity governing. (Reducing the output by quality
governing is the favoured approach in this work because pumping losses
are smaller.) The importance of frictional loss in the Task engine with
reducing output is illustrated in Figure 7.19 over a typical range in
operating conditions. The frictional loss rises from around 20 to

around 30% of the indicated power over the range in output considered.
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Friction data are extremely limited and no evidence of such data
relating to engines of a similar size to the Task unit has been noted

in the literature.

Iypes of lubrication

The various regimes of lubrication are conveniently represented on a
Stribeck diagram where the coefficient of friction is ﬁlotted against a
dimensionless duty parameter - defined as the product of the
lubricant’s dynamic viscosity and the sliding speed between surfaces
divided by the loading force per unit area. Since the various engine
components are subjected to large variations in loading and speed the
coefficient of friction can vary from around 0.2 to 0.001 under normal
operating conditions, with boundary, mixed and hydrodynamic regimes in
evidence, (7.10). Typical operating modes for the major engine
components are documented in References 2.4 and 7.10 - 7.12, these are

illustrated in the Stribeck diagram of Figure 7.20.

Component friction

Piston assembly friction arises from a radially-directed static ring
tension augmented by gas preéssure together with inertial forces. It is
dominated by the ring friction, which is typically responsible for
around 80% of the piston assembly frictional loss, (7.11). Other
contributions arise from the skirt, gudgeon pin and big end. The piston
assembly usually accounts for around 50 to 75X of the engine frictionm,
(4.44, 7.13, 7.14).

During normal running, piston rings can operate under both boundary and
hydrodynamic conditions, the former regime promoted at top and bottom
dead centres as reducing oil film thickness ensues due to abrupt
changes in temperature, speed and load , (7.10, 7.11, 7.14). Higher
sliding velocities, reduced loads and temperatures at other piston
’ positions promote the hydrodynamic mode. The oil film thickness between
the top ring and cylinder liner has been observed to change markedly
throughout the engine cycle, with a minimum thickness of around 0.5 um
at top dead centre during combustion, rising to around 8 um at other

piston positions, (7.15). It has been reported that a film thickness of
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around 1 um is required to prevent asperity contact, (2.9, 7.10),
although this is dependent on the surface finish of components. Other
piston assembly components; skirt, gudgeon pin and big end operate

under the hydrodynamic condition during normal running.

Crankshaft journal bearings are subjected to loads of varying magnitude
and direction since Fhese arise from gas pressure and accelerations of
the piston connecting rod mechanism. Providing an adequate hydrodynamic
film is maintained, which is the usual condition under normal running,
the viscous regime predominates and high loads are supported with low
frictional losses. Crankshaft journal bearings are usually responsible
for around 10 - 15X of the engine friction, (4.44, 7.14).

Valve trains carry high loads throughout the speed range. The spring
force is predominant at low speeds whilst inertial forces are most
significant at high speeds, (7.10). The rocker arm fulcrum and the cam
follower/camshaft interface are the major sources of frictional loss,
with the latter thought to contribute the most, (7.10, 7.16). High
loads and low sliding velocities promote a predominantly boundary-to-
mixed regime, (7.10, 7.16), although Dyson, (7.17), cites evidence to
suggest that the hydrodynamic mode is of significance at the cam
follower/camshaft interface. Other interfaces, the camshaft
chain/tensioner and valvé stem/rockers operate in the boundary mode,
(2.9).

7.10,2 Experimental methodology

The contribution of individual components to the total frictional 1loss
was investigated by motoring the engine in various stages of
disassembly. A high compression ratio cylinder head together with
heated lubrication and coolant systems were used to simulate, as far as
was possible, the actual conditions in the firing engine. At each stage
of disassembly, the motoring speed was varied from 15 to 35 rev/sec. A
15W/40 multigrade oil was used throughout the test programme at a
pressure of 30 psi. Oil viscosity was evaluated at the sump temperature
at 36 +/- 7 centistokes over the range of observation. Pressure-
crankangle data were obtained where appropriate and the indicated and

pumping powers calculated by integrating the pressure-volume diagram.
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Prior to testing, the coolant and lubricating oil were allowed to warm
up for several hours while circulating around the engine. The load cell
was calibrated over the expected range of observation. Valve timing and
clearances, ignition timing and compression ratio were set where
appropriate. During the tests, the temperatures around the oil and
coolant circuits were allowed to stabilise following any change in
operating conditions. To minimise the effect of hysteresis, average
values of friction load were obtained from measurements made with the
speed both increasing and decreasing. Load cell calibration was

repeated after each test,.

Calibration procedures for temperature, static and in-cylinder pressure
measurements are detailed in Appendix IV. Running clearances were also

measured and compared with recommended specifications (see Table 7.4).

Stages of disassembly

Motoring tests were conducted with the engine in the following stages

of disassembly:
Stage I comprised the fully assembled engine with a modified high
compression ratio combustion chamber. This arrangement produced peak

cylinder pressures between 45 and 50 bar depending on the engine speed.

Stage II comprised the fully assembled engine at a compression ratio of

13:1, producing peak pressures around 30 bar.

Stage III comprised the full engine with the sparking plug removed.
Stage IV comprised the full engine with the cylinder head and valve
train mechanism removed. Coolant flow was maintained by directing the
usual water flow from the block to the cylinder head back into the
cooling system. Oil flow to the rocker assembly was restricted.

Stage V comprised the crankshaft and compressor rear bearing.

Stage VI comprised the crankshaft only - driven directly from the

dynamometer using a purpose made dummy shaft.
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Stage VII considered the dynamometer only.

Contributions from ancillaries such as the camshaft-driven oil pump and

the crankshaft encoder assembly were also investigated.

The contribution from the camshaft journal bearings was investigated
independently by rotating the camshaft in the mechanism illustrated in
Figure 7.21 and measuring the resistive torque. This provided
additional information on the distribution of the losses associated

with the valve train.

7.10.3 Experimental results

Component contributions and engine friction at various compression
ratios are illustrated in Figure 7.22. All components illustrate, to a
greater or lesser degree, hydrodynamic and boundary friction; the
former condition linearly dependent and the latter independent of
speed. In addition, the dynamometer shows a dependence on the square of
the engine speed indicating turbulent dissipation at the fan. The data
are well correlated by the following relationships:
Crankshaft:
fmep = 1602N + 13135
Piston and connecting rod assembly:
fmep = 388N + 46210
Valve train:
fmep = 7140
Camshaft bearings:
fmep =233N +100
Compressor rear bearing:
fmep = 181N + 8428
Dynamometer:

fmep = 10.1N% + 209N + 177
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Engine friction without load: fmep = 2104N+ 64109

Engine friction with load (compression ratio settings of 13 and 21:1):

fmep = 1155N + 104769

Motoring tests, with the engine fully assembled, were also conducted
throughout the experimental programme at each change in engine
configuration. These tests were undertaken as part of the calibration
procedure used to verify the accuracy of the pressure-crankangle
measuring system. This procedure is detailed in Reference 2.3. The

pumping mep from all such data was found to be well correlated by:

fmep = 170N 142

The pumping mep from all firing data was found to vary as:

fmep = 7.26N?

where:

fmep- friction mean effective pressure (N/m2)

N - engine speed (rev/sec)

No measurable contribution from the encoder mechanism was evident.
Investigations were also undertaken to evaluate the contribution from
the original camshaft-operated oil pump, which was replaced in the
early stages of the work by a remote lubrication system. These tests
were inconclusive because the engine sump did not include a heating
facility, precluding satisfactory temperature control and allowing

significant changes in oil viscosity.
10.4 Discussion of the results and ¢ w evio

Only limited information can be obtained from the direct comparison of
frictional data since these are influenced by such factors as engine
geometry, oil viscosity, loading and mechanical design. The
correlations of Bishop, (2.4), account for many such variations but do
exclude the influence of oil viscosity; a value of 15.5 centistokes

being used throughout his work. (These correlations are detailed in
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Section 4.3.7.) Both firing and motoring tests consistent with the
range of experimental observation have shown however, that piston
friction is only weakly dependent on oil viscosity, (4.43, 7.1, 7.11);
the dependency increasing slightly with simulated combustion pressures,
(4.43, 7.1). It has been suggested that measured piston friction
conforms to the theoretical relationship for sliding bearings in which
the coefficient of friction varies as the square root of the oil
viscosity - at higher viscosities a lesser dependence is therefore to
be expected, (7.1, 7.11). On the other hand, journal bearing friction
is directly proportional to oil viscosity and hence this influence is

of greater significance when comparing friction data.

The correlations of Bishop, together with appropriate engine-specific
data presented by other workers, have been used in this work for
comparative purposes, with the objectives of identifying areas where
further reductions in frictional loss can be achieved and to assess the
mechanical design and the suitability of generalised correlations for

an overall engine model.

Figures 7.22 and 7.23 present the correlations of Bishop together with

the experimental data.

Piston assembly friction

The hydrodynamic and boundary regimes are respectively represented by a
quantity varying linearly with speed superimposed on a speed
independent term. The boundary term of around 45 kPa reduces from 85 to
75% of the piston friction load as the speed increases from 15 to 35
rev/sec. Total piston assembly friction reduces from 57 to 43X of the

total frictional loss at no load conditions as the speed increases.

Previous workers, (2.4, 7.14) and Leary, (cited in 7.1), have
identified significantly smaller boundary friction contributions at
around 20, 30 and 35 kPa respectively, the latter obtained under firing
conditions and including an extra ring. Neglecting the influence of gas
pressure in Leary’s result and noting that as a first approximation
ring friction is taken as 7 kPa per ring, (2.4, 4.44, 7.14), the

measured boundary term is around twice that reported by these workers.
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It is improbable that compression ring tension is a major contributor,
since the measured blowby was high (see Section 7.5) although increased
blowby has been found to result from pressure reversals between the
lower rings initiating ‘ring flutter’, (7.10), a problem that did occur
in the early development stages of the engine, (1.28). The piston skirt
is also unlikely to be a significant factor since the running clearance
was within the recommended limits (see Table 7.4) and no evidence of

undue wear was noted.

Running clearance has a marked effect on bearing friction power and
minimum film thickness (see Figure 7.24). Typically, as radial
clearances exceed 0.02 mm, the minimum film thickness approaches that
usually required to promote complete hydrodynamic lubrication (around
1.0 to 2.0 um) and mixed lubrication ensues with increased frictional
loss and bearing wear, (7.10). Table 7.4 shows that the big end radial
clearance is around three times the recommended value and that the side
clearance is also excessive. It is possible therefore that the big end
operated in the mixed regime, the excessive side clearance exacerbating

oil leakage, further impairing the formation of the film.

It is also likely that oil metering to the piston may have been
insufficient to promote full hydrodynamic lubrication, particularly
when it is noted that the experimental programme was conducted with a
dry sump lubrication system and that the piston/small end design called
for a splash oil feed from a drilling in the connecting rod - a feature
omitted in the Task engine. To some extent this deficiency would be

offset by the big end side and running clearances.

In light of the crankshaft/connecting rod assembly modifications
undertaken at an earlier stage (see Section 3.1), a further inspection
was conducted which revealed witness marks on both the crankshaft and

connecting rod thrust surfaces, indicating a possible misalignment.

Crankshaft

Compared with previous studies, (4.44, 7.14), a disproportionate
contribution from the crankshaft is evident in both the hydrodynamic

and boundary regimes. The latter term, at around 20 kPa, reduces from
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about 50 to about 30% of the crankshaft friction as the speed increases
from 15 to 35 rev/sec. Crankshaft friction increases from 40 to 50% of
the total frictional loss under no load conditions as the speed
increases over the range. Some speed independent term is to be expected
due to constant spring loading at the o0il seals and could conceivably
arise at thrust surfaces. Typically, front and rear seals have been
found to represent about 25% of the crankshaft contribution at 25
rev/sec, (7.14). However, the Task configuration included only a single
rear oil seal. While running clearances were within tolerances (see
Table 7.4), oil supply to the main bearings is intimately related to
leakage at the big end, excessive clearance, as noted earlier,
impairing the supply. It is probable that this, together with the other
mechanical defects referred to above, were responsible for promoting

the boundary regime.

The strong dependence on engine speed in the hydrodynamic condition can
in part be attributed to over-sized main bearings. The geometrical
parameter K (see Section 4.3.7) evaluated for this engine at 2.52 is
around three times as large as that usually found in spark-ignition
engines. Compared with Bishop's correlation, the stronger dependence on

engine speed is consistent with a higher oil viscosity.

Valve train mechanism

The valve train mechanism shows no measurable dependence on engine
speed, suggesting the dominance of the boundary mode arising at the
interfaces. This source reduces from around 7.5 to 5% of the total
frictional loss at no load conditions as the speed increases from 15 to
35 rev/sec. The hydrodynamic contribution at the camshaft bearings was
established using the mechanism illustrated in Figure 7.21 and was
found to be small, rising from 6 to 12X of the valve train friction as
the speed increased from 15 to 35 rev/sec. Over a similar range of
observation, comparative testing of four common valve train mechanisms
has also shown a weak dependence on speed for the push rod-operated

over-head valve arrangement utilised on the Task engine (7.12).

Both the valve train mechanism and camshaft journal contributions were

found to show close agreement with the correlations of Bishop.
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The effect of gas pressure

The initial increment in gas loading to a compression ratio of 13:1 is
seen to increase the engine friction by around 9 to 25X depending on
the speed (see Figure 7.22), further increases producing no measurable
effect. In marked contrast to the above data and a further study by
Roensch, (cited in 7.1), is Bishop’s correlation (see Figure 7.23)
which indicates a far stronger dependence on compression ratio increase
during motoring. Constant gas pressure applied to the space above the
piston during motoring, (4.43), also appears to have a similar
influence on the engine friction as the experimental measurements when

cycle-averaged pressures are taken to represent the constant gas load.

Additionally, other workers have considered this influence directly by
varying the load on the firing engine, (7.13, 7.15, 7.18). It is
evident from these studies that there is a lack of consensus with
respect to the influence of gas pressure on engine friction. It has
been reported to increase the piston friction, possibly through greater
radial tension of the rings, (2.4, 2.9, 4.43) and to a lesser extent
increase the bearing friction, (2.9). Other workers however, (7.3,
7.13), suggest that engine mechanical friction, piston friction and
bearing friction are largely insensitive to changes in load. Furuhama,
(7.15), considers that it is the increasing temperature associated with
increasing load that is responsible for greater ring friction; higher
temperatures lowering the viscosity of the oil and thereby reducing the
oil film thickness.

Pumping

The correlations of Section 7.10.3 confirm low pumping losses for the
quality governed engine running at slow speed; rising from around 10 to
60 W as the speed increases from 15 to 35 rev/sec under motoring
conditions. The modest proportion of these losses with respect to
engine output suggests only a small advantage is to be gained by
developing an open loop sub-model, with the pumping losses adequately
represented by the correlations developed. The functional form of both
motoring and firing correlations corresponds to those presented by

other workers for wot operation (see References 2.4 and 4.44
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respectively). Engine specific characteristics evidently influence the
speed dependency in these relationships, the experimental motoring data

are, however, well represented by Bishop’s generalised correlation,

fmep = 304 N1~7/ (Qgsﬂz)us

Smaller pumping losses were measured for the firing engine. Inspection

viz.:

of the pressure-volume diagram suggests that a dynamic effect is
present after blowdown during firing operation so that mean exhaust
system pressure is not achieved until later in the stroke. The firing

data agree most closely with the firing data of Millington, (4.44),

viz.:
fmep =4005>
where:
C - number of cylinders
fmep - friction mean effective pressure (N/m2)
G - number of intake valves per cylinder
H - intake valve head diameter (mm)
N - engine speed (rev/sec)
5} - mean piston speed (m/s)
Vs - swept volume (cm3)

Heat and mass_transfer

Heat and mass transfer are noted to relate inversely to engine speed
since they are both time dependent; a strong pressure dependence is
also indicated (see Figure 7.22). Both results are consistent trend-
wise with Bishop but show a stronger dependence on speed together with
a significantly greater contribution. The rate at which heat and mass
transfer losses diminish with increasing speed is evidently sufficient
to maintain an almost constant total motoring loss. Usual motoring
losses increase with speed (see for example Reference 4.44) which
suggests the influence of the high levels of crankcase blowby noted in

Section 7.5.
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Total frictional loss

Correlations for total motoring frictional losses including the effects
of heat and mass loss, accessories and pumping work are typically of

the form:

fmep= A+ BN + CN?

where the terms mainly represent boundary, hydrodynamic and turbulent
dissipation effects. Pressure and geometric dependency or mechanical
configuration are reflected in the values of the constants, A, B and C.
The total motoring frictional loss for the Ricardo E6 engine at a
compression ratio of 8:1 was found to correlate to such a function,
with the constants set to values applicable to small, swirl-chamber IDI
compression-ignition engines, (4.44). SAE standard J816b, (2.5),
suggests a correlation of similar functional form for firing frictional
and pumping losses, together with a pressure dependency correction

determined from brake power measurements.

Fujii et al., (7.19), present a correlation which may be written in the

form:

fmep= A+ BN?

where the values of A and B are constant for a given engine but are
functions of geometry. Whilst the relationship does benefit from
geometric generality it was not found representative of the

experimental data.

Recognising the conflicting evidence surrounding the influence of gas
loading on engine friction (discussed earlier under 'The effect of gas
pressure’) and that information obtained from motoring tests is of
limited value when applied to the firing engine (partly because the
pressure-crankangle phasing is altered, although other factors are
discussed in Section 7.10.5), there is evidence to suggest an
approximate relationship between the influence on engine friction of a
constant gas load under motoring conditions and the influence arising
from firing pressures, (7.1). Using this result, together with the
correlations of Bishop and Millington, a relationship with the

advantages of geometrical generality and pressure dependence and which
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closely represents the experimental data is proposed to describe engine

mechanical friction, the influence of gas pressure and pumping losses

viz.:
S = B
= 3 3 - 1 -
fmep = 370.10 B2n+756.10 BS ,+20831mep+414SNK
GH™ -
+393.10%[30—0.24N] B35 460057

The terms describe piston ring wall tension, viscous piston friction, a
gas pressure term, journal bearing friction, valve train friction and
pumping losses respectively. (Heat/mass loss or ancillaries are
neglected.) The nomenclature and units were defined in Section 4.3.7.
This correlation was included in the engine model as a generalised tool

for prototype development.

7.10.5 The utility of progressive disassembly

Whilst the utility of progressive disassembly is recognised as a
reliable indication of the proportion of frictional loss associated
with each component, these losses are influenced to some extent by the
temperatures and pressures in the firing engine. Higher piston and
cylinder wall temperatures reduce the viscosity of the oil in the bore
and hence reduce piston viscous friction. On the other hand, combustion
temperatures tend to reduce mechanical clearances and the thickness of
the hydrodynamic film at the top of the bore, promoting boundary
lubrication. Combustion pressure may also increase ring tension and
bearing loads, (7.18). Engine friction data derived from the firing
pressure-crankangle data and brake power measurements do indicate some
reduction compared with the motoring engine, although scatter in the
data precludes quantifying any difference. Under firing conditionms,
reductions in engine friction of around 10X have been reported when

compared with measurements made under motoring conditions, (7.13).

2.10.6 Conclusions
In light of the preliminary stage of the engine development and the

scope for further improvement of the mechanical design, it is probable

that the correlations of Bishop accurately represent the motoring
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frictional losses of the main components of the Task engine in the

production stage of development.

Further work is required to improve the mechanical design, particularly
with reference to the crankshaft and piston assembly where excessive
boundary friction was noted. A reduction in the bearing surface area,
consistent with the demands for durability and the likely range in

speed and mean effective pressure, is desirable.

Recent developments in piston design discussed in References 7.6 and
7.11, including reduction in the number, area and tension of piston
rings and the area of piston skirt, would be beneficial in reducing the
engine friction. The AEconoguide piston discussed in Reference 7.6 and
referred to in Section 7.5 incorporates many such features, suggesting

a possible alternative for future work.

Correlations, supported by comparative data, have assisted the analysis
of engine friction data in the form of a diagnostic tool. Engine-
specific correlations obtained from the experimental data, together
with a more generalised relationship describing mechanical and pumping
losses have been incorporated into an engine model for validation
purposes, energy flow analysis and for use as a tool in prototype

development.
7.11 Miscellaneous observations
Ignition timing

The ignition timing was set to the minimum advance for best efficiency,
excluding those tests where the effects of ignition timing were
investigated. If the ignition timing is retarded from a very advanced
setting, negative compression work diminishes; with very retarded
ignition positive expansion work also reduces. The optimum setting
achieves the most favourable balance between these two trends and hence
maximises the net work for the working loop; as a rough empirical
guide, corresponding peak pressures occur between 5 and 20 degrees
atdc, (2.9, 7.20). The optimum setting depends on the design and

operating conditions which influence the rate of combustion and is

219



therefore implied by the detailed discussion in Chapter 5. The purpose
of this section is to outline the most significant variables
influencing the optimum spark timing and typical settings. The data

referred to are presented in graphical form in Appendix II.

Around stoichiometric air-to-fuel ratios, an optimum ignition advance
of 25 to 30 degrees was typical for all operating conditions; the 3-2
configurationh at compression ratios exceeding 12:1 and the Hrcc were
notable exceptions with 20 and 15 degrees advance respectively. At the
lean mixture limit, the optimum ignition setting advanced to around 35
to 45 degrees for most configurations depending on the speed; the 3-2
arrangement at compression ratios exceeding 12:1 and the Hrcc again
characterised by lesser advance at 30 to 35 and 25 degrees

respectively.

Noise levels

Noise levels, at 1 metre from the enclosure, were obtained at 3 speeds
for a typical operating condition. These were recorded at 61, 65 and 71
dBA at 20, 25 and 35 rev/sec respectively, compared with the levels
recorded by previous workers (discussed in Section 1.5) of 50 to 65 dBA
between 30 and 35 rev/sec for complete heat pump units, (1.22, 1.23,
1.27). The measurements from the Task engine did, however, include an

unknown contribution from the dynamometer fan.
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ENGINE HEAT TRANSFER AS A PROPORTION OF
FUEL ENERGY, ALL OPERATING CONDITIONS
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Figure 7.1 Measured and predicted engine heat
transfer for all operating conditions.
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Figure 7.3 Effect of compression ratio on engine and
total exhaust heat transfer. Chamber 3-2, 1800 rpm.

223



| |

@
N
o
0
@

ENERGY TRANSFER (%% HHV)
=
) \8'
[#)
% O
a -
1

SPEED R/S

N
06 |- SHAST ]

25—

1 12 13 14 15 16

EXCESS AR RATO

Figure 7.4 Effect of engine speed on engine and total
exhaust heat transfer.

224



4

% —
~ §\4
P ot
I ~0—]
o/ 25 <

N
14
L
m
g
CR 91 @
é %2 cas1 0
= WRCC] A
> 5 TASKIL O
Q
id
2 ¥
. DS
= 1
5 - —

! 12 13 14 15 16

EXCESS AR RATO
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ENGINE HEAT TRANSFER AS A PROPORTION OF
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TASKII a 3-2 O HRCC X

40

35

MEASURED

30 1

25

20

b
|

15

ENGINE HEAT TRANSFER (Z HHV)

10 l
1.0 1.1 1.2 1.3 1.4 1.5 1.6 1.7

EXCESS AIR RATIO

Figure 7.8 Measured and predicted engine heat
transfer for three chambers.
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PREDICTED PEAK GAS TEMPERATURES ALL
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Figure 7.9 Predicted peak gas temperatures
all operating conditions.
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Figure 7.10 Influence of ignition timing on
the predicted engine heat transfer.
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PREDICTED ENGINE HEAT TRANSFER AS A
PROPORTION OF FUEL ENERGY AT THREE SPEEDS
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Figure 7.11 Influence of engine speed on
predicted engine heat transfer for three
chambers.
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Figure 7.12 Predicted temperatures at
exhaust valve opening at 25 r/s.
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Figure 7.13 Predicted temperatures at
exhaust valve opening at 30 r/s. Numbers
ad jacent to markers refer to ignition
timing, (degrees btdc).
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Figure 7.14 Predicted temperatures at
exhaust valve opening at 35 r/s.
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Figure 7.17 The effect of speed and
compression ratio on blowby under
simulated firing conditions.




= i— @
®\ e Py %
t N /s
\ dil e .
N - ,
7\4 \\\
CT— N

77

<
mn)r\)errom‘—»H%_

DESCRIPTION/MATERIAL
MANBODY Fkr 1 : Asaninsom
MANBIDY frer © * Aumimaoms
INSERT - CAST IRN
INSERT :[AST |RON
[AM FOLLOWER

(AP

SPRING

SCRW

OUNDER - Alsnaum

[OI00 ~J|oy|n| D Ol Mo

Figure 7.21 Mechanism for measuring
the camshaft frictionm.

238



L - +
T T W |

0 ' ; _ *
~ e WEP 13
5 | : ? } a
ul 0 - ‘ % I
< ! f i i P 2
1 S B !

2 = R PP 131
3 o x
- i 1 i
g 1% ‘ { - FUP L0
W ol

A .

10 }

. a |

R S +

! 5 !

o CRAN(EMFT
~ % S— PSTON ASS
8 D
X ) VALVE ASSY
~ A
U
: 0 FAN
Z X
0
0 . R/ BEARNG
L

]

10 0

al o
P |

B SPED (R/5)

Figure 7.22 Engine component friction and engine
friction at various compression ratios and under
simulated firing conditions.

239



COMPARISON OF MEASURED FRICTION CONTRIBUTIONS
WITH THE CORRELATIONS OF BISHOP (2.4).
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Figure 7.23 Comparison of the measured friction
contributions with the correlations of Bishop, (2.4).
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Table 7.1 Indicated thermal
efficiencies.

Chamber: TaskII

Speed Excess Thermal
(rev/ air effy

sec)
1.01 22.1
25 1.23 23.5
1.04 22.0
30 1.18 23.6
1.50 21.8
1.06 22.9
35 1.42 24.5

Table 7.2 Indicated thermal
efficiencies.

Chamber: Hrce

Speed Excess Thermal

(rev/ air effy
sec)
1.00 24.9
25 1.63 21.5
1.03 24.9
30 1.15 29.4
1.61 23.9
1.02 25.7
35 1.54 28.3
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Table 7.3 Indicated thermal
efficiencies.

Chamber: 3-2 at 9:1
Speed Excess Thermal
(rev/ air effy
sec)

30 1.50 24.8

Chamber: 3-2 at 10:1

Speed Excess Thermal

(rev/ air effy
sec)
1.07 25.6
30 1.14 25.9
1.33 25.5

Chamber: 3-2 at 12:1

Speed  Excess Thermal

(rev/ air effy

sec)

25 1.04 24.4
1.05 23.9

30 1.50 26.5

35 1.02 25.0

Chamber; 3-2 at 13:1

Speed Excess Thermal
(rev/ air effy

sec)
1.04 23.0
25 1.18 22.8
1.48 22.0
1.02 23.9
30 1.17 23.3
1.49 23.1
1.03 23.3
35 1.12 23.7
1.50 25.5
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Table 7.4 Running clearances based on diameter (cold).

Piston skirt

Ring gap
Top compression

Second compression :

Big end
Side clearance

Main bearings
Front

Rear

Side clearance

Gudgeon pin offset :

measured

: 0.05 mm

: 0.05 mm

1.1 mm
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recommended

0.015 to 0.055 mm (Honda)
0.5 mm (Honda)

0.5 mm (Honda)

0.059 to 0.089 mm (Glacier)

-0.068 to 0.108 mm (Glacier)

0.102 to 0.152 mm (Bell)
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CHAPTER 8 - EMISSIONS

Summary

The influence of operating and design variables on exhaust emission
levels is discussed in the context of simple established models
describing the main mechanisms of pollutant formation, with the

objectives of understanding the experimental data and subsequently

evaluating a lean burn strategy.

8.1 Formation of pollutants

The mechanisms governing the formation of atmospheric pollutants are
several and complex, measured exhaust concentrations often differing
substantially from the concentrations calculated from assumptions of
chemical equilibria. The purpose of this section is to detail briefly,
simple established models describing the main mechanisms of pollutant

formation and observations from previous experimental studies of

relevance to this work.

Oxides of nitrogen

Both nitric oxide and nitrogen dioxide are formed within the engine
cylinder; exhaust levels of the former around 100 times greater than
those of the latter, (8.1). Based on extensive measurement, Lavoie et
al., (8.2), concluded that whilst nitric oxide forms within the
reaction zone, the levels are negligible in the lean regime and post-
flame production predominates. It was also concluded that the formation
and decomposition of nitric oxide in the post-flame gases are rate
limited, and due to the temperature gradient within the engine cylinder
a nitric oxide concentration gradient is also present. Additionally, it
was shown that the nitric oxide concentration freezes early in the
expansion stroke at values above equilibrium levels and before the
other constituents of the combustion products depart appreciably from
equilibrium levels. References 1.55 and 8.3, for example, suggest that

freezing occurs at temperatures around 2000 K.
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The extended Zeldovich mechanism is generally held to describe the

significant reactions governing the oxidation of atmospheric nitrogen

within the engine cylinder:

O+N,=NO+N
N+0O,=NO+0

N+OH=NO+H
The rate of formation of NO according to the above mechanism follows:

-——“’”,}’to] = kT [O)[ Vo] + k5 [N)[O;)+ k3 [N}[OH)-k; [NOJ|N]

—k;[NOJ[O]— k5 [NOJ[H] (mol/cm’s)

where the forward (kf) and reverse (k{) rate constants (cma/mol.s) have
been established experimentally. A similar treatment obtains a
relationship for the rate of formation of monatomic nitrogen:

AN — K 101M) - K [M[04] - K INY(OH) - k5 [NOJ[N]

+ k5 [NO)[O] + k3 [NOJ[H] (mol/cu’s)

With the assumption that the concentrations of O, 02, OH, H and N2
follow chemical equilibria and the concentration of monatomic nitrogen
remains essentially unchanged (d[N] = 0), the rate of formation of NO

can be rearranged: dt

dNO] _ __ 2R\{1 - ([NO)/[NO].)"}
dt 1+ ([NOJ/[NOL)R:/(R: + Rs)

where:
R, = k}[0).IN,], = k{[NOLIN], (mol/en’s)
R, = k[N1,[0,), = k;[NOL[0], (mol/en’s)
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Rs = k3[N][OH], =k;[NOL[H], (mol/cn’s)
[ ]o denotes the equilibrium concentration.

A further simplification from Reference 2.9 illustrates the dependency

of the rate of NO formation. At the initial condition the above

relationship reduces to:

d[NO]
dt

= 2R1 = 2ki’.[0]c[N2]e
[NO]/[NOJe << 1

Using the relationship for the equilibrium monatomic oxygen

concentration and substituting for the forward rate constant, kf:

d[NO] 6 x 10 (—69,090
= exp | ——

dt T2 T )[Ozlin[Nz]e (m01/cm?s)

Hence high temperatures and oxygen concentrations favour high rates of

NO formation.

Due to compression, early burning elements in the burned gas attain
higher temperatures than late burning elements and consequently are
richer in NO. Charge inhomogeneity may also ameliorate or enhance the
concentration of NO in burned gas elements depending on the local

oxygen concentration, (5.15).

Unburned hydrocarbons

Quenching of the flame at the cool cylinder walls or at the entrance to
small crevice volumes, absorption and desorption of fuel by deposits or
oil layers on the chamber walls and bulk gas quenching in slow burning
cycles are the mechanisms thought to influence hydrocarbon emission
levels. Since natural gas is inherently a clean-burning fuel and
comparative studies with propane-fuelled engines, (8.4), have suggested
that the oil layer mechanism is strongly dependent on the solubility of
the fuel in the o0il, only the quenching mechanisms are considered of

significance in this investigation.
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The Peclet number, p.,, is useful in understanding the quenching
processes at the cylinder walls or at entrances to crevices within the
combustion space. It is defined as the ratio of the heat release within

the flame to the heat loss to the walls when quenching just occurs.

Reference 2.9 details the following formulation for a pair of parallel

plates:

De = _____pusl’ccp.qu2
f

where dy; is the two-plate quench distance.

For a flame front propagating normally to and parallel with a confining

wall:

Pe = puslcp,udql ~ 8
ky

where d, 1is the one-plate quench distance. In spark-ignition engines,
typical two-plate quench distances are of the order of 0.2 to 1 mm and

one-plate quench distances 0.04 to 0.2 mm.

Exhaust hydrocarbon levels from the piston top-land crevice volume have
been found to conform closely with the above mechanism; equal levels
measured at zero and 0.2 mm clearance (dﬂ) with higher levels measured

at intermediary values, (8.5).

Bulk gas quenching is promoted by retarded or extended heat-release
timing because the cylinder pfessure and temperature are lower later in
the expansion stroke. These influence the burn rate through the laminar
flame speed dependency and can cause the flame to be extinguished. Weak
mixture strengths, retarded ignition timing, high levels of residual
fraction and exhaust gas recirculation are the conditions where bulk
gas quenching is most likely to occur. The condition may vary in
severity from partial burning cycles to complete misfire for a few or

more slower burning cycles.

It has been established with rapid gas sampling techniques, (4.48) and

concluded from theoretical studies, (7.7), that post-combustion
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hydrocarbon levels in the engine cylinder preceding blowdown are up to
twice the average exhaust concentrafions, suggesting the importance of
in-cylinder oxidation mechanisms. Sampling of the quench layer has
shown that hydrocarbons from this source diffuse into the bulk gas and
rapidly oxidise implying an insignificant contribution to the level of
unburned hydrocarbons in the exhaust, (4.47). Such conclusions are
supported by experiments in high-pressure bombs where unburned
hydrocarbons were found to be formed predominantly through the crevice
mechanism, (8.6). Substantial oxidation has also been observed in the
exhaust system with strong dependency on residence time, oxygen

concentration and temperature, (7.7, 8.7).

Based on such observations it may be concluded that post-combustion
oxidation is significant and that the crevice and bulk gas quenching
mechanisms are probably the dominant sources of exhaust hydrocarbons in
this application under normal conditions. Both the oxidation and bulk
gas quenching mechanisms are likely to be promoted at the weaker
mixture strengths associated with reduced burn rates and excess oxygen,
although the oxidation process in these conditions is likely to be
inhibited by lower temperatures. It is also to be expected that
increased levels of turbulence will both promote oxidation and enhance
combustion quality with a positive influence on exhaust levels of
unburned hydrocarbons. The oxidation mechanism is attractive from the

perspective of emission control.

8.2 Discussion of experimental results

The figures referred to in the following section have been collated
from the substantial and detailed experimental data presented in
graphical form in Appendix II.

Oxides of carbo

Exhaust gas concentrations of oxygen, carbon monoxide and carbon
dioxide are presented in Figures 8.1 - 8.3 against a base of excess air
ratio for all the operating conditions investigated. It is evident that
the excess air ratio is the predominant variable controlling the level

of these exhaust gases. The concentration of carbon monoxide reduces
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rapidly from stoichiometric levels to around 0.05 to 0.1% at excess air
ratios of 1.1, remaining unchanged to the lean mixture limit. Carbon
dioxide reduces from around 9.5% at the stoichiometric air-to-fuel
ratio to around 7% at the lean mixture limit. In comparison with petrol
fuels of lower hydrogen-to-carbon atomic ratios, where stoichiometric
concentrations of exhaust products are of the order of 14X, carbon
dioxide emission levels from natural gas-fuelled engines are
favourable. Conversely, carbon monoxide levels have been found to be
independent of fuel type, (1.5). The presence of carbon monoxide and
oxygen at the stoichiometric mixture strength is a consequence of

incomplete combustion.

8.2.2 Oxides of nitrogen
Ignition timing

All chambers show a marked dependence on the timing of the spark;
around 150 ppm/degree advance for the 3-2 and Hrcc configurations with
75 ppm/degree advance for the TaskII arrangement (see Figure 8.4). In
the case of the 3-2 chamber this represents a reduction of 2500 ppm
from the most advanced to the most retarded condition. Advanced
combustion phasing promotes markedly increased pressures and
temperatures as main stage combustion closes progressively to tdc where
the volume is smaller; higher NOx concentration follows from the strong
temperature dependency. (The combustion characteristics and predicted
burned gas temperatures at these operating conditions were discussed in
Section 5.7.3.) Of interest is the relative tolerance to spark advance
evident in the Taskll chamber. Although in this case the data are
unsupported by pressure analysis, this arrangement operates at a lower
compression ratio of 9:1. An equal increment in spark advance has,
therefore, a lesser influence on the total volume in the combustion
space and hence a lesser effect on burned gas temperatures would be

expected.

om ssion ratio

Figure 8.5 illustrates the effect of compression ratio at optimum

timing on the levels of NO_ in the exhaust. It is evident that the
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effect of compression ratio cannot be described simply, contradictory
trends are evident at stoichiometric and lean mixture strengths, and
phasing with respect to the mixture strength also appears to be a
factor. It is probable that the influence of compression ratio setting
is augmented by changes in chamber geometry, as discussed in Section
5.7.2, and a strong dependence on the spark timing. In the range of
mixture strength of interest in & lean burn strategy (excess air ratios
greater than 1.2) NO_ levels in general reduce with reducing
compression ratio. The range in NOx levels with changing compression
ratio varies from around 300 to 800 ppm depending on the mixture
strength. Whilst this represents a significant proportional increase,
particularly at weak mixture strengths where the baseline level is low,
the effect of compression ratio is small in light of the effects of
ignition timing described above. Understanding of the influence of this
design variable would be enhanced with a rate-controlled NOx formation
model and precise measurements of the residual fraction, which is known
to reduce with increasing compression ratio and affect NOx levels in
the exhaust through dilution of the charge, (1.57). Despite higher
burned gas temperatures which would be expected to follow increases in
compression ratio, previous studies, (1.20, 1.21, 1.57), have reported
that NOx levels are only weakly dependent on compression ratio. The
latter reference considered the effect of changing geometry to be a

contributory factor as the compression ratio changed.

Engine speed

The effect of engine speed on exhaust NOx levels for various
configurations is detailed in Figure 8.6. The speed dependency is
evidently complicated by the influence of mixture strength and chamber
geometry. Only for excess air ratios greater than around 1.25 is a
clear reducing trend with reducing speed apparent for all chambers. The
range in NO_ concentration with changes in speed at such mixture
strengths is modest, not exceeding 400 ppm and approaching equality at
the lean mixture limit. This does however represent a significant
proportional change since baseline levels are low. The range in peak
NO_ levels is greater but not exceeding around 650 ppm for all the
arrangements investigated; the proportional change this represents is

diminished with respect to weaker mixture strengths.
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Inspection of the peak pressure measurements at operating points where
pressure analysis was conducted, does suggest some qualitative
correlation with the observed levels of NOx in the exhaust; this
follows since the pressures are indicative of in-cylinder temperatures.
Although limited in detail and resolution, comparison is possible over

a wide range of operating conditions. Table 8.1 ranks the measurements.

In light of previous studies it is not surprising that the speed
dependency cannot be stated simply. Over a similar range of increasing
engine speed, NOX emissions have been found to increase modestly by
around 300 ppm at slightly weak mixture strengths and optimum ignition
timing, (8.8) and decrease at weak mixture strengths at constant spark
timing, (1.56). A contrary trend with rich mixtures was also reported
by the latter study.

Furthermore, because the observed speed dependency is small in relation
to that of the spark timing, it is difficult to establish the effect of
speed alone, particularly when it is noted that a tolerance of about
+/-2 degrees is usual for the minimum advance for maximum efficiency.
(Over this range engine output remains substantially unchanged.) Such
considerations are of most concern around peak NOx levels where the
effect of ignition timing is pronounced in relation to weaker mixtures
where little effect, if any, is apparent (refer to Figure II.10 in
Appendix II which compares the performance of the 3-2 chamber at the
lean mixture limit with significant change in ignition timing or see
References 1.52 and 2.2).

Chamber configuration

The effect of chamber arrangement on the levels of NOx in the exhaust
at three speeds is detailed in Figures 8.7 - 8.9. Following slower
rates of heat release, markedly lower cylinder pressures and burned gas
temperatures, the TaskII arrangement is characterised by significantly
lower NO emissions. Peak levels are some 700 to 1200 ppm lower when
compared with the highest peak level at any speed and reduced levels
persist to the lean mixture limit. The relationship between the
remaining chambers and NOx emissions is less clearly defined but does

correlate qualitatively with peak cylinder pressures (indicative of

254



burned gas temperatures) at operating points where pressure analysis

was undertaken. Table 8.2 details the comparison.
Excess air ratio

The effect of excess air ratio on the level of NOx in the exhaust is
evidently pronounced and common to all the operating and design
conditions investigated. NOx concentrations rise steeply from
stoichiometric mixture strengths to reach a maximum value between
excess air ratios of 1.05 to 1.15 and then fall less steeply towards
the lean mixture limit. Competition between the temperature and oxygen
dependency set the mixture strength for maximum NOx production. As the
preceding discussion suggests, other operating and design variables
interact with the excess air dependency, influencing the rate of
increase or decrease of NOx levels with changes in mixture strength and

the peak values.

8.2.3__Upburned hydrocarbons
Ignition timing

It is unlikely that the influence of the crevice quench mechanism on
unburned hydrocarbon levels in the exhaust will vary significantly with
changes in the ignition timing, since the geometry remains unchanged,
although the two-plate quench distance is a function of the gas
properties and the laminar flame speed. A previous study, (7.7),
concluded that the increase in gas density arising from higher
pressures at advanced settings promoted only a slight increase in the

significance of the crevice mechanism.

A range of burn rates exist on a cycle-to-cycle basis at a given
operating point due to mixture inhomogeneity and flow field variations.
The optimum spark timing caters for the average cycle; it is retarded
in the case of slow burning cycles and advanced with respect to the
faster burning cycles. It was established in Section 5.7.3 that
retarded ignition timing effects extended burn duration for the mean
cycle.‘In comparison to the advanced condition, later and longer burn

durations are most likely to promote bulk gas quenching and increase
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hydrocarbon levels. On the other hand, the significance of post-
combustion oxidation, although unknown, is likely to be most marked at
retarded spark timing where the in-cylinder temperatures late in the

expansion stroke are the highest.

Since the residual fraction has been found insensitive to changes in
spark timing, (1.57), the significance of bulk gas quenching is
unlikely to be influenced by this mechanism as the timing of the spark

advances.

Figure 8.4 shows the effect of ignition timing on the three chambers
investigated; optimum timing is at 25 degrees advance for the TaskII
and 3-2 chambers and 22 degrees advance for the Hrcc arrangement. Both
the TaskII and Hrcc configurations are characterised by an upturn in
exhaust hydrocarbon emission levels at the retarded and advanced
conditions, suggesting an interplay between the bulk gas quenching and
post-combustion oxidation mechanisms. It is probable, at the retarded
settings, that enhanced post-combustion oxidation is unable to maintain
equilibrium with increasing hydrocarbons from quenching, whereas at
advanced spark timings where quenching is less likely, the influence of

oxidation also diminishes.

A contrary trend is noted for the 3-2 chamber where unburned
hydrocarbon levels diminish with retarded ignition. Inspection of the
pressure analysis data (see Tables 5.5 - 5.6) shows that although the
burn duration reduces with advancing ignition in keeping with the Hrcc,
in contrast, the duration of the latter stage of combustion (50 to 90%
mass consumed) increases, and the crankangle at which this portion of
heat release commences closes to tdc where the chamber depth is of the
order of 5 to 6 mm (see Figure 5.27). This suggests that excessive wall
quenching and hence high hydrocarbon levels are promoted at advanced
ignition settings with this chamber. Thus it would appear that chamber
geometry, bulk gas quenching and post-combustion oxidation are
influencing the levels of exhaust hydrocarbons in the 3-2 chamber.
Further discussion of such geometrical effects is included in Sections
5.7.2 and 5.7.3.
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Compression ratio

Unburned hydrocarbon levels in the exhaust increase steadily with
increasing compression ratio while the significance of compression
ratio setting increases as the mixture weakens (see Figure 8.5). At
near stoichiometric air-to-fuel ratios the spread in hydrocarbon levels
is around 550 ppm over the range of compression ratio settings and at
the lean mixture limit the spread has increased to around 1200 ppm.
Since crevice volumes account for a greater proportion of the chamber
volume as the compression ratioc increases and the surface area-to-
volume ratio is greater, it might be expected that levels of unburned
hydrocarbons in the exhaust increase with increasing compression ratio,
all other factors being equal. It was evident from the pressure
analysis (see Section 5.7.2 and Tables 5.3 - 5.4) that retarded
combustion-crankangle phasing together with reduced rates of heat
release ensued through compression ratio increase. It is also probable
therefore, that the bulk gas quenching mechanism increases in
significance with increasing compression ratio and contributes to the
level of hydrocarbon emissions, since this mechanism is promoted by
lower cylinder pressures and temperatures occurring later in the
expansion stroke. The extent of in-cylinder and exhaust hydrocarbon
oxidation as an ameliorating factor in the above mechanisms is however
unknown as the compression ratio increases. Similarly, a lesser, but
unknown, influence from the residual fraction on the bulk gas quenching
mechanism would be anticipated with increases in the compression ratio

setting.

Engine speed

In general, for all the configurations investigated, the levels of
exhaust hydrocarbons diminish from 25 to 30 rev/sec and then increase
from 30 to 35 revs/sec (see Figure 8.10). The speed effect is evidently
further complicated by the influence of the excess air ratio; at near
stoichiometric mixture strengths and the lean mixture limit the speed

dependency is noted to change for all chambers.

These data are puzzling in light of previous investigations (see for

example References 7.5, 7.7 and 8.8) where modest reductions in exhaust
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hydrocarbon levels over a similar range of increasing speed have been
reported. In these studies, the influence of speed on hydrocarbon
levels has been attributed largely to a reduced contribution from the
crevice mechanism, (7.7 and 8.5). The latter study suggests that this
arises from a reduction in the piston top-land crevice volume under the
influence of higher in-cylinder temperatures. Furthermore, as the speed
increases, enhanced turbulence, lower levels of residuals and higher
in-cylinder temperatures during combustion would be expected to reduce
the influence of bulk gas quenching. It is also to be expected that
enhanced turbulence and greater temperatures will promote oxidation,

although the residence time is shorter.

Noting the contrast between the observed performance with increasing
speed and the expected positive influence on exhaust unburned
hydrocarbon levels of all these factors (excluding the residence time)
it is possible that the effect of crankcase blowby is an additional
contributory factor. This is suggested by the strong speed dependency
noted for this engine in Section 7.5, the influence of this variable on
unburned hydrocarbon levels reported in Reference 7.5 and the fact that

the observed performance is common to all chambers.

Chamber configuration

The effect of chamber arrangement on the levels of unburned
hydrocarbons in the exhaust is detailed in Figures 8.7 - 8.9. At all
speeds the TaskII configuration benefits from the lowest levels,
although a rapid upturn is noted at the lean mixture limit at the lower
speed through rapidly deteriorating combustion quality (see Table
5.10). Recognising the influence of compression ratio on hydrocarbon
emissions (referred to in the earlier section) and the similarity of
the performance of the Taskll chamber with the 3-2 configuration at an
equal setting of 9:1, suggests that the lower emission levels arise

from a compression ratio effect.

Despite the significantly faster rates of heat release and enhanced
combustion stability promoted by the Hrcc arrangement (see for example
Tables 5.13 - 5.15 comparing rates of combustion at stoichiometric

conditions between chambers), the difference in levels of hydrocarbon
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emissions is slight when compared with the 3-2 chamber (excluding
weaker mixture strengths at the lower speed where the former
configuration is effective in reducing levels by around 500 ppm). Such
results are difficult to interpret in light of the available data,
since the conditions least favourable to bulk gas quenching occur with
rapid, stable and advanced heat release where temperatures are high
late in the combustion process. On the other hand, extended and
retarded heat release promotes bulk gas quenching, but also higher
temperatures late in the expansion and early in the exhaust stroke make
oxidation more likely. From a geometric viewpoint it is unlikely that
the crevice mechanism predominates with either configuration, although
changes in the gas properties and laminar flame speed may influence the
two-plate quench distance and mass of charge entering the crevices. It
is also unlikely that there are significant differences between the
residual fraction when comparing these chambers, by noting the
similarity of the relevant operating and design variables known to
influence this quantity. These include changes in manifold and exhaust
pressures, air-to-fuel ratio, speed, valve timing, compression ratio
and volumetric efficiency, (1.57). In the case of the Hrcc arrangement,
predicted temperatures at exhaust valve opening are lower (see Figures
7.12 - 7.14) and the measured time-averaged exhaust temperatures are
markedly lower (see Figures II.2 - II.19 in Appendix II) suggesting the
tentative conclusion that the observed levels of exhaust hydrocarbons
result through competition in each chamber between the bulk gas

quenching and oxidation mechanisms.

Excess air ratio

For all the conditions investigated, unburned hydrocarbons rise steeply
from minima at excess air ratios between 1.1 to 1.25 as the mixture
strength is enriched or weakened. This is thought to arise primarily
through competition between the influences of temperature and oxygen
concentration on the bulk gas quenching and oxidation mechanisms,
(2.9). Reference 7.7 also emphasises the importance of the crevice
mechanism with weakening mixture strengths since it was concluded that
around 25 - 50% of the exhaust hydrocarbons arise from this source and
the fuel density within the crevices diminishes as the excess air ratio

increases. As discussed in previous sections, other operating and
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design variables interact with the excess air dependency, which can
strongly influence hydrocarbon levels as the mixture strength is

varied.
8.3 Conclusions

Carbon monoxide can be maintained below 0.12 over a wide range of
operating conditions provided the excess air ratio is greater than 1.1.
A useful reduction in CO2 levels can be achieved with weak mixture
operation. Stoichiometric CO2 emissions in natural gas-fuelled engines

are around two thirds those of petrol-fuelled engines.

Effect of ignition timing

Peak NOx levels are strongly dependent on spark timing, the dependency
is most notable with the rapid burning chambers at around 150
ppm/degree advance. There is considerable scope for emission control

with retarded ignition setting:

In the absence of unfavourable geometric effects, exhaust hydrocarbon
levels are lowest at optimum spark timings, although several degrees of
spark retard can be tolerated without undue effect on hydrocarbon
emission levels; in the case of the Hrcc, around + 50 ppm/degree
retard. Noting the dependence of NOx on spark timing (- 150 ppm/degree
retard) a larger reduction in this pollutant can be achieved through
retarded timing than the corresponding increase in unburned

hydrocarbons.
ect o (0) ]

The effect of compression ratio setting on the levels of NOx is small
in light of the influence of spark timing; it is most marked at weak
mixture strengths where relatively small absolute increases are
significant because the baseline level is low. A clear relationship
between Nox levels and compression ratio setting is not in evidence.
This is thought to be a result of changing combustion chamber geometry
and the strong influence of spark timing; further understanding would

benefit from a more rigorous theoretical base. A careful choice of
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compression ratio setting is implied from the perspective of a lean
burn strategy since NOx levels, in general, diminish with reducing

compression ratio in the weak regime.

A lower compression ratio is effective in reducing unburnped hydrocarbon
emissions and is of increasing influence as the mixture weakens. A lean

burn strategy therefore favours a low compression ratio.

Effect of engine speed

The effect of speed on NOx production is complicated by the influence
of mixture strength and chamber geometry. Over the range of excess air
most attractive to a lean burn strategy, the levels of NOx in the
exhaust diminish with reducing speed for all the chambers investigated;
a slow running engine is implied. From the stoichiometric mixture
strength to an excess air ratio of around 1.25, the geometry of the
combustion chamber and the air-to-fuel ratio influence the level of NOx
and no clear speed dependency is evident. The magnitude of the speed
effect is small in relation to that of the spark timing. Further
understanding of the processes involved would be enhanced by a rate-
controlled NOx model with positive effect on the design process and

predictive capability.

Given the complexity of the processes involved and the interaction
between them, it is doubtful, even with additional and substantial
experimental data, that a complete understanding of the influence of
speed on unburned hydrocarbon levels could be achieved and consequently
more general conclusions are appropriate. Over the range of likely
operating conditions between the upturn in emission levels at the
stoichiometric mixture strength and the lean mixture limit and in the
absence of excessive crankcase blowby, exhaust hydrocarbons reduce with

increasing speed. A higher speed is implied for a lean burn strategy.

The effect of chambexr geometry

Solely on the basis of reducing the levels of exhaust Nox, a slow
burning chamber is most effective. Under such conditions however, a

thermally efficient engine is unlikely. In comparison with the 3-2
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arrangement, the Hrec configuration offers a compromise between high
thermal efficiency - implied by rapid combustion - and lower levels of
NOx in the envelope of conditions encompassing weaker mixture strengths

and slow speed.

When compared with the 3-2 chamber, the faster burning and most stable
Hrce configuration is effective in reducing unburned hydrocarbon

emissions at low speed but has negligible effect at the higher speeds.

e effect of mixture engt

There is considerable scope for reducing NOx emissions through
weakening mixture strength. Enhanced rates of combustion and extended
stable lean mixture operation suggest the Hrcc is most suited to this

type of emission control.

Minimal unburned hydrocarbon emissions occur at excess air ratios of
around 1.1 to 1.25, increasing as the mixture is enriched or weakened.
From the perspective of a lean burn strategy a compromise between NOx
- and unburned hydrocarbon levels is indicated since minimum unburned
hydrocarbons occur around the mixture strength for maximum NOx
production and the latter reduces as the former increases with

weakening mixtures.

In light of the evidence for substantial post-combustion oxidation
cited in this chapter, after-burning may have potential for further
reductions in unburned hydrocarbons, particularly at weak mixture
strengths where free oxygen is available. Low exhaust temperatures
suggest some form of additional heat input which does have the
disadvantage of extra complexity in usual engine applications; however,
with reclaimed heat a primary concern, some modification to an existing
exhaust heat exchanger may be possible. It may prove attractive, in
circumstances where the heating load is low or where heat only is

required from CHP units, to incorporate such a function.
Also, the evidence cited (References 4.48 and 7.7) for the predominance

of crevice unburned hydrocarbons in the exhaust, suggests the

importance of detailed attention to mechanical tolerances and possibly
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revisions to the design of the piston around the top-land and areas
surrounding other crevices such as the spark plug threads, head gasket

etc.
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Figure 8.1 Exhaust concentration of oxides
of carbon and oxygen for the TaskII chamber
under all operating conditions.
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Figure 8.2 Exhaust concentration of oxides
of carbon and oxygen for the 3-2 chamber
under all operating conditions.
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Table 8.1 Qualitative comparison of exhaust

NOx and peak cylinder pressures, the effect

of engine speed. Variables are ranked in
descending order, 1 to 3.

Chamber: 3-2 Cr: 13:1 Excess air: 1.17

Fil Speed (rev/sec) NOx Pmax

46 25 2 2
41 30 3 3
49 35 1 1

Chamber: 3-2 Cr: 13:1 Excess air: 1.50

Fil Speed (rev/sec) NOx Pmax

47 25 3 3
40 30 1 1
1 35 2 2

Chamber: Hrcc Cr: 13:1 Excess air: 1.03
Fil Speed (rev/sec) NOx Pmax

11 25 2 2
9 30 1 1

Chamber; Hrce Cr: 13:1 Excess air: 1.62

Fil Speed (rev/sec) NOx  Pmax

14 25 2

2
10 30 1 1
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Table 8.2 Qualitative comparison of exhaust
NOx and peak cylinder pressures, the effect
of chamber. Variables are ranked in
descending order, 1 to 3.

Speed: 25 rev/sec Cr: 13:1 Excess air: 1.04

Fil Chamber NOx Pmax
45 3-2 2 2
11 Hrecc 1 1

Speed: 30 rev/sec Cr: 13:1 Excess air: 1.03

Fil Chamber NOx Pmax
39 3-2 1 1
9 Hrcc 1 1

Speed: 30 rev/sec Cr: 13:1 Excess air: 1.17

Fil Chamber NOx Pmax
41 3-2 2 2
15 Hrce 1 1
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CHAPTER 9 - FLOW

e

Summary

The utility of valve discharge and swirl data is outlined briefly,
together with the limitations of steady state flow analysis. The
objectives of the study and the experimental facility are described.
The performance of the three chambers is discussed with reference to

previous studies and the implications for volumetric efficiency are

considered with reference to the measured values.

Introduction

Steady state flow apparatus is extensively used in the design process
for the measurement of valve discharge and swirl coefficients due to
simplicity in comparison with direct measurements from an engine. Such
data have been used to evaluate and optimise induction systems
following the comparative testing of various configurations or as input

to flow or closed cycle thermodynamic models.

An immediate objection to this method of investigation is that flow
dynamic and pressure characteristics or the swirl profile are not
represented; swirl is also modified during the compression process
(this latter point was referred to in Sections 1.8 and 4.2.1). Since
only comparative testing was undertaken, these issues are beyond the
scope of this work. It is of interest to note that numerous studies
discussed in Uzkan et al., (9.1), have concluded that steady state flow
discharge coefficients are able to predict dynamic performance over the

normal engine speed range with reasonable accuracy.
tive

The scope of this work extended only to comparative measurements of
swirl and valve discharge coefficients for the three configurations at
a baseline condition, with the objectives of evaluating the design and
eliminating the effects of these variables from the initial stages of
the experimental programme. It was envisaged, particularly in view of

the lean burn strategy, that the study should eventually include some
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investigation into the swirl since this has been found effective in
promoting burn rates (see Section 1.8). Accordingly, some features were
incorporated in the Hrcc design and a number of perspex prototypes
produced so the effect of this parameter could be investigated
independently. However, as the programme proceeded it became clear that

there was insufficient time available to conduct this work.

Experimental facility

Following Partington, (9.2) and Uzkan et al., (9.1), a steady state
flow rig was produced (see Figure 9.1) which consists of a perspex tube
with the bore diameter equal to that of the cylinder on the Task
engine. At one end of the tube a plate is incorporated which allows the
mounting of a port/combustion chamber configuration in a position
corresponding to its actual position on the engine. At a distance of
approximately 1.5 times the bore diameter downstream from the cylinder
head face, the tube widens to contain an aluminium honeycomb with small
cells of large aspect ratio, capable of straightening the flow
completely. The other end of the tube supports a longitudinal shaft
running in low friction bearings on which the honeycomb is mounted. The

widening of the bore has been found necessary in order to reduce
blowby.

Compressed air is supplied to the port through a diaphragm type
pressure regulator and pressure box which provides a constant, but
adjustable, pressure differential between the inlet port and cylinder.
The angular momentum of the flow produced by the port exerts a torque
on the honeycomb which is restrained by a cantilevered beam and link
arrangement attached to the longitudinal shaft. Valve lift is varied by
a threaded adjuster on the end of the valve stem. The flow straightener
and tube are easily replaced for measurements of the valve flow

coefficients.

Experimental methodology

A pressure differential of 2.5 kPa was maintained between the port
inlet and cylinder. For valve discharge measurements, the valve lift

was increased incrementally from the minimum to the maximum value and
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measurements of pressure, temperature and volume flow rate obtained at
the collector together with the upstream stagnation and static
pressures at the valve. The procedure was repeated for each
configuration and for the measurement of swirl, where additionally, the
load at the torque arm was noted. Software was developed to process the
results and produce graphical and tabulated output. Calibration
procedures are detailed in Appendix IV.

Flow area and swir] coefficient definition

Three distinct stages of minimum flow area development have been noted
with increasing valve 1lift, (9.3). The flow coefficient is defined in
terms of, and is inseparable from, an arbitrary reference area which
may be the minimum flow area or some other characteristic area such as
that of the valve curtain (valve circumference times valve 1lift), valve

head, or valve port,

The swirl-generating capabilities of the port/valve arrangements are
measured by a dimensionless parameter, the swirl coefficient. The
several definitions which are used for impulse-type meters have been
reviewed and related through a series of expressions developed by Uzkan
et al., (9.1). In order that the experimental data were readily
comparable with published work, the flow area and swirl coefficient
definitions were consistent with those of Reference 9.1. The flow area
was based on the geometrical minimum area of flow corresponding to

small values of L/d ratios (typically less than 0.125) according to:
A; = nd,L(1 + L/d,singcos¢)cos¢

The swirl coefficient was defined according to:

C,=T,/(mmv;,B/[2)
iscussion of ex
The flow and swirl coefficients for the configurations investigated are
illustrated in Figure 9.2. Low swirl is evident for all configurations,

with slight increases noted at higher lifts for the 3-2 and Hrce

arrangements, consistent with the tangential orientation of the inlet
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tract in these designs. Typical high swirl ports produce swirl numbers
considerably in excess of these values at around 0.25 for L/d ratios of
0.25, (9.1, 9.2). No significant variation between geometries is
evident for the valve flow coefficients, the small reduction for the
Hrcc at higher lifts in keeping with the slight increase in swirl
observed. The peak value of around unity at L/d ratios of about 0.04 is

consistent with other observations, (9.1).

Volumetric efficiency

The measured volumetric efficiencies (see Appendix II) reflect the
implications of the flow coefficients, with similar values noted for
all chambers. At stoichiometric mixture strengths, a small range from
86 to 90% is evident for all operating and design variables with a
slight but consistent increase of around 5 percentage points noted as
the excess air ratio increases towards the lean mixture limit. Such a
dependency with weakening mixtures is reported in Reference 7.1 for
gas-fuelled engines and probably reflects lower in-cylinder and

residual gas temperatures at leaner air-to-fuel ratios.
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1. Low friction bearings
2. Aluminium honeycomb

3. Inlet port/combustion chamber configuration

Figure 9.1 Steady state flow rig.
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