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Abstract. In order to attenuate low-frequency vibration, a novel nonlinear vibration isolator with 
high-static-low-dynamic stiffness (HSLDS) is developed in this paper by combining the negative 
stiffness corrector in parallel with a vertical linear spring. The force and stiffness characteristics 
are first derived by the static analysis. Then, the displacement transmissibility of the HSLDS 
system is obtained to evaluate the isolation performance using the harmonic balance method. The 
parametric analysis shows that the proposed HSLDS system can outperform the equivalent linear 
one in some aspects. Besides, the initial isolation frequency is defined and further investigated 
with the purpose of providing some useful guidelines for choosing parameter combinations 
conveniently. Finally, a prototype is developed and the experimental test is conducted to verify 
the isolation performance of the proposed HSLDS system. 
Keywords: vibration isolator, high-static-low-dynamic stiffness, scissor-like structure, 
transmissibility. 

1. Introduction 

Recently, the nonlinear vibration isolators with high-static-low-dynamic stiffness (HSLDS) 
characteristic have attracted the attention of many scholars for their potential advantages in many 
practical applications. This kind of vibration isolator can overcome the inherent contradiction 
between the natural frequency and the static deflection, which exists in linear vibration isolator 
[1]. The HSLDS vibration isolators usually consist of an elastic element with positive stiffness 
and a negative stiffness corrector which is used for providing the negative stiffness to counteract 
the positive one. Therefore, the HSLDS vibration isolator can achieve a very low dynamic stiffness 
at the static equilibrium position with static stiffness unaffected. With structural parameters 
properly designed, the nonlinear vibration isolator can even obtain a zero stiffness at the static 
equilibrium position, and thus the quasi-zero stiffness (QZS) characteristic can be achieved. As a 
result, this kind of vibration isolator can achieve a low natural frequency with small static 
deflection and outperform the linear counterpart. 

Alabuzhev et al. [2] proposed a variety of prototypes of the QZS vibration isolator and made 
a classification. Platus [3] proposed a unique vibration isolator by using two axially loaded beams 
to achieve the negative stiffness for horizontal vibration isolation. Carrella et al. [4, 5] developed 
an HSLDS vibration isolator that consists of a vertical spring and two oblique springs, and 
demonstrated its excellent vibration isolation performance. Robertson et al. [6] built a QZS 
vibration isolator composed of two magnetic springs and gave the design criteria. Zhou and Liu 
[7] developed an HSLDS vibration isolator that consists of a beam and a pair of electromagnets, 
and demonstrated good isolation performance by experimental study. Le and Ahn [8, 9] studied 
the isolation performance of an HSLDS vibration isolator comprehensively using two symmetric 
structures as negative stiffness corrector for a vehicle seat. Zhu et al. [10] investigated the isolation 
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performance of a magnetic suspension vibration isolator using rubber ligaments to obtain the 
negative stiffness. Liu and Huang et al. [11, 12] then built a QZS vibration isolator using Euler 
buckled beams as negative stiffness corrector and investigated the dynamic behavior and isolation 
performance theoretically and experimentally. Shaw et al. [13] developed an HSLDS vibration 
isolator using a bistable composite plate as negative stiffness corrector. The experiment results 
demonstrated that it possesses wider isolation frequency band and lower peak response. Zhou and 
Cheng et al. [14, 15] investigated the dynamic behavior and isolation performance of a QZS 
vibration isolator using the cam-roller-spring mechanisms as negative stiffness corrector. 

Recently, Meng et al. [16] built a QZS vibration isolator using a disk spring as negative 
stiffness corrector for micro-vibration isolation and analyzed the dynamic behavior theoretically. 
Sun and Jin [17] developed a nonlinear vibration isolator mainly constructed by an n-layer scissor-
like structure, and found that it possesses better QZS characteristic and excellent performance. 
Wang et al. [18] investigated the shock isolation performance of an HSLDS vibration isolator 
using an analytical method, and found that HSLDS vibration isolator has better shock isolation 
performance than the equivalent linear one when the shock amplitude is small. More information 
about the nonlinear vibration isolator is given by Ref. [19]. 

In addition to the vibration isolator, scholars also introduced the negative stiffness into the 
vibration absorbers [20-24]. Acar and Yilmaz [21] proposed an adaptive–passive dynamic 
vibration absorber with a negative stiffness mechanism, and found that the proposed system can 
dramatically reduce the vibration level of the protected equipment over the range of operation 
frequencies. Yao et al. [22] proposed a vibration absorber combining negative stiffness with 
positive stiffness together to suppress the vibration of a rotor system. The results indicated that 
the negative stiffness can broaden the effective isolation frequency band of the absorber. Shen et 
al. [23, 24] further studied the optimal parameters of a dynamic vibration absorber with negative 
stiffness, providing a theoretical basis for optimum parameters design. 

Generally, most of the negative stiffness correctors mentioned above [4, 8, 14] can achieve the 
negative stiffness only when the springs are compressed. As a result, mechanical instability of 
these correctors may occur due to the spring bending. To avoid the spring bending, guide bars are 
always installed [25], which makes the structure of the negative stiffness corrector complicated. 
Therefore, a novel HSLDS vibration isolator is proposed in this paper. Its negative stiffness 
corrector mainly consists of a scissor-like structure and horizontal springs, which can achieve the 
negative stiffness only when horizontal springs are stretched. Thus, mechanical instability induced 
by spring bending can be avoided. 

The rest of this paper is organized as follows. In Section 2, the static characteristics of the 
proposed vibration isolator are analyzed in detail. In Section 3, the displacement transmissibility 
is obtained to evaluate the isolation performance of the HSLDS vibration isolator. In Section 4, 
the initial isolation frequency is defined with the purpose of providing some useful guidelines for 
choosing parameter combinations conveniently. The experimental test is conducted to verify the 
isolation performance of the proposed HSLDS system in Section 5. Conclusions are drawn in 
Section 6. 

2. Modeling of an HSLDS vibration isolator 

The physical model of the proposed HSLDS vibration isolator is shown in Fig. 1. The negative 
stiffness corrector is mainly comprised of horizontal springs, hinge axes, connecting rods and 
brackets. Both ends of each connecting rod are hinged with the bracket and the hinge axis, 
respectively. All of the connecting rods are of the same length 𝐿 . Besides, both ends of the 
horizontal spring are connected with hinge axis. The loading support can only move in the vertical 
direction due to the existence of the guide mechanism. When the loading support carries a load 𝑚, 
the vibration isolator is initially balanced in the static equilibrium position where all of the 
connecting rods are located on the same horizontal plane. Thus, the load is only supported by the 
vertical spring with static deflection Δ𝑥 = 𝑚𝑔 𝐾⁄ , where 𝑚𝑔 and 𝐾  denote the gravity of load 
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and the vertical spring stiffness, respectively. Meanwhile, to achieve the negative stiffness, the 
horizontal spring is stretched at the static equilibrium position with pre-stretch length 𝑑  and 
stiffness 𝐾 . When the load oscillates about the static equilibrium position, the connecting rods 
will deviate from the horizontal plane. As a result, the stretching force can be transmitted to the 
loading support through the connecting rods, and its direction is opposite to that of the restoring 
force generated by vertical spring. Thus, the dynamic stiffness of the vibrating system is reduced 
with static stiffness unaffected. With structural parameters properly designed, the HSLDS 
characteristic can be achieved. 

To understand more about the negative stiffness corrector, the force and stiffness 
characteristics are analyzed subsequently. With the payload, the schematic diagram of the static 
analysis at equilibrium position is shown in Fig. 2(a). When the vibration isolator is subjected to 
a force 𝑓, the loading support deviates from the static equilibrium position by a displacement 𝑥, 
as shown in Fig. 2(b). Note that the magnitude of the restoring force of the system equals to the 
applied force, but in opposite direction. 

 
a) 

 
b) 

 
c) 

Fig. 1. Physical model of the HSLDS vibration isolator with scissor-like structure:  
a) HSLDS vibration isolator, b) negative stiffness corrector, c) guide mechanism.  

1 – loading support, 2 – vertical spring, 3 – base plate, 4 – hinge axis, 5 – connecting rod,  
6 – bracket, 7 – horizontal spring, 8 – guide rod, 9 – roller, 10 – limiting groove 

 
a) 

 
b) 

Fig. 2. Schematic diagram of the static analysis of the scissor-like structure and the loading support:  
a) static equilibrium position, b) deviation from the static equilibrium position by a displacement 𝑥 

When the loading support deviates from the static equilibrium position by a displacement 𝑥, 
the relationship between the applied force and the displacement is given by: 𝑓 𝑥 = 𝑓 + 𝑚𝑔 − 𝑓 , (1)

where 𝑓 = 𝐾 𝑥 − Δ𝑥  is the vertical spring force, 𝑓 = 𝑓 tan𝛼 denotes the force generated by 
the negative stiffness corrector, and where 𝑓 = 2𝐾 𝑑 − 2𝐿 1 − cos𝛼  is the horizontal spring 
force, 𝛼  is the angle between the connecting rod and the horizontal plane, and  tan𝛼 = 𝑥 √4𝐿 − 𝑥⁄ . Note that 𝑚𝑔 = 𝐾 Δ𝑥, thus the applied force can be further written as: 
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𝑓 𝑥 = 𝐾 𝑥 − 2𝐾 𝑥 𝑑 − 2𝐿√4𝐿 − 𝑥 + 1 . (2)

Eq. (2) can be written in a non-dimensional form for simplicity: 

ℎ 𝑢 = 𝑢 − 2𝛽𝑢 𝛿 − 2√4 − 𝑢 + 1 , (3)

where ℎ = 𝑓 𝐾 𝐿⁄ , 𝑢 = 𝑥 𝐿⁄ , 𝛽 = 𝐾 𝐾⁄ , 𝛿 = 𝑑 𝐿⁄ . 
The non-dimensional stiffness of the system can be obtained by differentiating Eq. (3) with 

respect to the non-dimensional displacement: 

𝑘 𝑢 = 1 − 2𝛽 4 𝛿 − 24 − 𝑢 ⁄ + 1 . (4)

The stiffness at static equilibrium position can be derived by substituting 𝑢 = 0 into Eq. (4): 𝑘 = 1 − 𝛽𝛿. (5)

If the stiffness of the HSLDS vibration isolator at static equilibrium position is zero, the QZS 
characteristic can be obtained. The QZS condition is given by: 𝛽 = 1𝛿. (6)

The non-dimensional force-displacement and stiffness–displacement curves for various 𝛽 
when 𝛿 = 1 are shown in Fig. 3. It can be observed that the minimum stiffness corresponds to the 
static equilibrium position. The magnitude of the stiffness is getting smaller with the increase of 𝛽 . When 𝛽  is not greater than 1, the minimum stiffness is positive. As 𝛽  increases to 1, the 
minimum stiffness becomes zero, and thus the QZS characteristic is achieved. If 𝛽  increases 
further, such as 𝛽 = 1.2, the negative stiffness occurs in the vicinity of the static equilibrium 
position, which is undesirable in engineering practice. In order to avoid an unstable system, the 
stiffness ratio should not be greater than 𝛽 . The case of 𝛽 𝛽  is mainly considered in this 
work. 

 
a) 

 
b) 

Fig. 3. Non-dimensional a) force-displacement and  
b) stiffness-displacement curves for various 𝛽 when 𝛿 = 1 

With the purpose of simplifying the subsequent dynamic analysis, Eq. (3) can be further 
expanded as a third-order Taylor series about 𝑢 = 0 when the oscillation amplitude is relatively 
small: 
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ℎ = 𝜆𝑢 + 𝛾𝑢 , (7)

where 𝜆 = 1 − 𝛽𝛿 and 𝛾 = 𝛽 2 − 𝛿 8⁄ . 
Then the approximate stiffness of the HSLDS system is given by: 𝑘 = 𝜆 + 3𝛾𝑢 . (8)

The non-dimensional exact force-displacement curve obtained by Eq. (3) and its approximate 
one obtained by Eq. (7) are shown in Fig. 4. It can be observed that the approximation accuracy 
depends on the non-dimensional displacement and becomes worse with the increase of 
displacement. However, the approximate curve matches well with the exact one in most of the 
selected displacement range, demonstrating that it is reasonable to use the approximate restoring 
force for subsequent dynamic analysis. 

 
Fig. 4. Comparison of the exact and approximate force-displacement curves for 𝛿 = 1 and 𝛽 = 1 

3. Displacement transmissibility 

The absolute displacement transmissibility [5], which is defined as the ratio between the 
absolute displacement amplitude of the load and the base excitation amplitude, is used to evaluate 
the isolation performance of the HSLDS vibration system. A harmonic base excitation  𝑧 = 𝑍 cos𝜔𝑡 is applied to the base plate, where 𝑍  and 𝜔 denote the excitation amplitude and the 
frequency, respectively. Considering the linear viscous damping, the equation of relative motion 
of the load is governed by: 

𝑚 𝑑 𝑦𝑑𝑡 + 𝑐 𝑑𝑦𝑑𝑡 + 𝑓 𝑦 = 𝑚𝑍 𝜔 cos𝜔𝑡, (9)

where 𝑦 = 𝑥 − 𝑧 is the relative displacement between the load and the base plate, and 𝑓 𝑦  is the 
restoring force defined by Eq. (2). Writing Eq. (9) in a non-dimensional form yields: 𝑞 + 2𝜁𝑞 + ℎ 𝑞 = 𝑧 Ω cosΩ𝜏, (10)

where: 

𝑞 = 𝑦𝐿 ,    𝑧 = 𝑍𝐿 ,    𝜔 = 𝐾𝑚 ,    Ω = 𝜔𝜔 ,    𝜁 = 𝑐2𝑚𝜔 ,    𝜏 = 𝜔 𝑡, 
and where the dots denote derivatives with respect to 𝜏. Replacing the exact restoring force with 
its approximate one defined by Eq. (7). Thus, the dynamic equation can be approximately  
given by: 𝑞 + 2𝜁𝑞 + 𝜆𝑞 + 𝛾𝑞 = 𝑧 Ω cosΩ𝜏. (11)
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In order to obtain the steady-state solution, the harmonic balance method (HBM) [5] is 
employed here. The first-order approximate solution is assumed to be the following form: 𝑞 = 𝐴cos Ω𝜏 + 𝜃 , (12)

where 𝐴 and 𝜃 denote the amplitude and the phase of response, respectively. Substituting Eq. (11) 
into Eq. (10) and equating the coefficients of the terms containing cos Ω𝜏 + 𝜃  and sin Ω𝜏 + 𝜃  
separately to zero can lead to the following equations: 𝜆𝐴 + 34 𝛾𝐴 − 𝐴Ω = 𝑧 Ω cos𝜃, (13a)−2𝜁𝐴Ω = 𝑧 Ω sin𝜃. (13b)

Therefore, the amplitude-frequency equation can be obtained with the application of  sin 𝜃 + cos 𝜃 = 1: 

𝜆𝐴 + 34 𝛾𝐴 − 𝐴Ω + 2𝜁𝐴Ω = 𝑧 Ω . (14)

To verify the feasibility of the approximation of restoring force and the HBM, a numerical 
method based on the fourth-order Runge-Kutta scheme is applied. Then the fast Fourier 
transformation (FFT) is utilized to obtain the basic harmonic component of the response. The 
amplitude-frequency curves obtained by two methods are shown in Fig. 5. It can be observed that 
there is a good agreement between the analytical solutions and the numerical ones of Eq. (10) and 
Eq. (11), demonstrating that the approximation of restoring force and the HBM are feasible. Note 
that the numerical method can only simulate stable solutions [15]. As a result, the steady-state 
solutions located at the unstable region cannot be obtained by the numerical method. 

 
Fig. 5. Amplitude-frequency curves obtained by HBM and numerical method. AS denotes  

analytical solutions obtained by HBM, and NS1 and NS2 denote numerical solutions  
of Eq. (11) and Eq. (10), respectively, when 𝛿 = 1, 𝛽 = 0.8, 𝜁 = 0.02 and 𝑧 = 0.07 

The absolute displacement of the load is given by: 𝑢 = 𝐴cos Ω𝜏 + 𝜃 + 𝑧 cosΩ𝜏. (15)

Then the amplitude of the absolute displacement can be expressed as: 

𝑈 = 𝐴 + 𝑧 + 2𝐴𝑧 cos𝜃, (16)

where cos𝜃 is given by Eq. (13a). Therefore, the absolute displacement transmissibility can be 
written in the form of decibel: 
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𝑇 = 20lg 𝑇 + 2𝑇 cos𝜃 + 1 , (17)

where 𝑇 = 𝐴 𝑧⁄  represents the relative displacement transmissibility. Moreover, the absolute 
displacement transmissibility of the equivalent linear vibration isolator (no negative stiffness 
corrector) is given by: 

𝑇 = 20lg 1 + 2𝜁Ω1 − Ω + 2𝜁Ω . (18)

The effect of excitation amplitude on the absolute displacement transmissibility is shown in 
Fig. 6. It can be observed that the peak transmissibility and the resonant frequency of the HSLDS 
system increase accordingly when the excitation amplitude gets larger. When 𝑧  increases to 0.1, 
the curve bends to the right and the jump phenomenon occurs [26]. If 𝑧  increases further to 0.16, 
the transmissibility becomes unbounded [5, 11] and no peak can be observed. Thus, the isolation 
performance is inferior to that of the equivalent linear system. Note that increasing the excitation 
amplitude has little effect on the isolation performance in higher frequencies. It can be concluded 
that the HSLDS system can outperform the equivalent linear counterpart for the advantages of 
wider isolation frequency band and lower peak transmissibility when the excitation amplitude is 
not too large. 

 
Fig. 6. Absolute displacement transmissibility  

for various excitation amplitudes  
when 𝛿 = 1, 𝛽 = 0.8 and 𝜁 = 0.02 

 
Fig. 7. Absolute displacement transmissibility  

for various damping ratios  
when 𝛿 = 1, 𝛽 = 0.8 and 𝑧 = 0.1 

 
Fig. 8. Absolute displacement transmissibility for various stiffness ratios  

when 𝛿 = 1, 𝜁 = 0.02 and 𝑧 = 0.1 

The effect of damping ratio on the absolute displacement transmissibility is shown in Fig. 7. 
It can be observed that increasing the damping ratio can suppress the transmissibility in the 
resonant region, which is similar to the damping effect on the equivalent linear system. It can also 
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reduce the resonant frequency and broaden the isolation frequency band in a certain extent. 
However, the isolation performance in higher frequencies becomes worse with the increase of 
damping ratio. Generally, an appropriate choice of damping ratio is beneficial to the HSLDS 
system, such as suppressing the transmissibility in the resonant region and improving the system 
stability. 

The influence of stiffness ratio on the absolute displacement transmissibility of the HSLDS 
system is shown in Fig. 8. It can be observed that increasing the stiffness ratio can lead to the 
reduction of peak transmissibility and resonant frequency, broadening the isolation frequency 
band. When the stiffness ratio increases to 1, no obvious peak transmissibility can be observed 
and the whole-frequency vibration isolation is achieved. Generally, it can be concluded that 
choosing a greater stiffness ratio can achieve a better isolation performance. 

4. Initial isolation frequency 

The initial isolation frequency is defined as a critical frequency where the vibration starts to 
be attenuated. This is one of the major factors that should be considered in the design process of 
vibration isolator. Generally, the initial isolation frequency should be lower than the frequency at 
which the isolation is required in engineering practice. For simplicity, the frequency where the 
transmissibility equals to 0 dB is denoted by Ω . According to the linear vibration theory, the linear 
vibration isolator comes into play at Ω = √2  [1], which indicates that the initial isolation 
frequency equals to Ω . However, the situation is different for the HSLDS system. When the jump 
phenomenon occurs, the jump-down frequency Ω  may be greater than Ω , then the initial 
isolation frequency is determined by Ω . 

Setting 𝑇  in Eq. (17) to zero yields the following equation: 𝑇 + 2cos𝜃 = 0. (19)

Combining Eq. (13a) and Eq. (19) can obtain the relationship between Ω  and the  
amplitude 𝐴: 

Ω = 2𝜆 + 32 𝛾𝐴 . (20)

Then a quadratic equation about Ω  can be obtained by combining Eq. (14) and Eq. (20): Ω + 16𝜁 − 2𝜆 − 6𝛾𝑧 Ω − 32𝜆𝜁 = 0. (21)

Solving Eq. (21) analytically yields: 

Ω = 𝜆 + 3𝛾𝑧 − 8𝜁 + 8𝜁 − 𝜆 − 3𝛾𝑧 + 32𝜆𝜁 . (22)

In order to obtain the jump-down frequency Ω  [27], differentiating both sides of Eq. (14) with 
respect to A and setting 𝑑Ω 𝑑𝐴⁄ = 0 yield: 

2Ω + 8𝜁 − 4𝜆 − 6𝛾𝐴 Ω + 2𝜆 + 6𝜆𝛾𝐴 + 278 𝛾 𝐴 = 0. (23)

Then the jump-down frequency can be determined numerically by combining Eq. (14) and 
Eq. (23). The effect of excitation amplitude on the initial isolation frequency for various 𝛽 is 
shown in Fig. 8. It can be observed that increasing 𝛽 can reduce the value of Ω . For the system 
with 𝛽 = 0.8, the value of Ω  and Ω  keeps increasing as 𝑧  gets larger. Note that the jump-down 
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frequency only exists in certain frequency range. If the excitation amplitude is not greater than 𝑧 , 
the initial isolation frequency is determined by Ω . As the excitation amplitude exceeds 𝑧 , the 
jump phenomenon happens and the initial isolation frequency is determined by Ω . However, if 𝑧  increases further and exceeds 𝑧 , the unbounded response occurs, and thus the initial isolation 
frequency no longer exists, which means that the HSLDS system loses its capacity of isolating the 
vibration. Therefore, the parameter combinations located in this range should be excluded in 
engineering practice. The situation is different for the case of 𝛽 = 1. As 𝑧  is not greater than 
0.185, the initial isolation frequency is zero, and thus the whole-frequency vibration isolation is 
achieved. Therefore, choosing a relatively large stiffness ratio is beneficial for the vibration 
isolation. 

 
Fig. 9. Initial isolation frequency for various stiffness ratios when 𝛿 = 1 and 𝜁 = 0.04. ‘–’ curve  

of Ω , ‘--’ curve of jump-down frequency Ω , ‘o’ intersection between Ω   
and jump-down frequency, ‘+’ critical point where the unbounded response occurs 

The influence of damping ratio on the initial isolation frequency for various 𝛽 is shown in 
Fig. 9. Generally, increasing the damping ratio can reduce the value of Ω  and Ω . For the system 
with 𝛽 = 0.8, when the damping ratio is less than 𝜁 , the initial isolation frequency cannot be 
found due to the existence of unbounded response, and thus the HSLDS system fails to attenuate 
the vibration. As the damping ratio is greater than 𝜁 , the unbounded response disappears but the 
jump phenomenon still exists, which means that the initial isolation frequency is determined by Ω . If 𝜁 increases further and exceeds 𝜁 , Ω  is not greater than Ω , and thus the initial isolation 
frequency equals to Ω . For the case of 𝛽 = 1, if 𝜁  is greater than 0.043, the initial isolation 
frequency becomes zero, indicating that the whole-frequency vibration isolation is achieved. 
Generally, choosing a greater damping ratio can avoid the jump phenomenon and reduce the initial 
isolation frequency. 

 
Fig. 10. Initial isolation frequency for various stiffness ratios when 𝛿 = 1 and 𝑧 = 0.2. ‘–’ curve  

of Ω , ‘--’ curve of jump-down frequency Ω , ‘o’ intersection between Ω   
and jump-down frequency, ‘+’ critical point where the unbounded response occurs 

The aforementioned analysis indicates that adjusting the excitation amplitude to a lower level 
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or applying a greater damping can lead to a lower initial isolation frequency and avoid the 
unbounded response. If the parameter combinations are properly selected, the HSLDS system can 
even achieve whole-frequency vibration isolation. 

5. Experimental investigation 

The experimental bench is established to verify the vibration isolation performance of the 
proposed HSLDS vibration isolator. The experimental prototype is excited by the shaking table. 
This experimental bench consists of three parts: the excitation system, the HSLDS system and the 
data acquisition system, as shown in Fig. 11 and Fig. 12. 

 
Fig. 11. Schematic diagram of experimental bench 

The excitation system is mainly composed of an electrodynamic shaking table, a fixture, a 
power amplifier, a signal generator and a computer. Specifically, the shaking table can provide a 
base acceleration excitation in the range of 5-3000 Hz. A power amplifier is used to amplify the 
excitation signal generated by a signal generator. Note that accelerometer 1 and 3 are installed on 
the shaking table to monitor the excitation amplitude. In order to obtain the acceleration 
transmissibility, the sinusoidal excitation signal is applied. The excitation frequency is increased 
from 5.6 Hz to 20 Hz step by step and the amplitude is 9.81 m/s2 for each frequency. 

 
Fig. 12. Experimental bench of the HSLDS vibration isolator. 1 – accelerometer 1, 2 – counterweight,  

3 –accelerometer 2, 4 – accelerometer 3, 5 – UD shaking table, 6 – LMS data acquisition  
and analyzer, 7 –computer, 8 – fixture, 9 – accelerometer 4, 10 – scissor-like structure,  

11 – vertical spring, 12 – horizontal spring, 13 – guide mechanism. 

The experimental prototype is mainly made of aluminum and only two hinge axes are made of 
steel. The experimental prototype is fixed to the shaking table through the fixture and can only 
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move in the vertical direction due to the existence of guide mechanism. Three kinds of horizontal 
springs with stiffness 𝐾 , 𝐾  and 𝐾 , respectively, are chosen in the test. The main parameters 
of the experimental prototype are listed in Table 1. Therefore, the theoretical natural frequency of 
the linear vibration isolator is given by 𝑓 = 𝐾 𝑚⁄ 2𝜋 = 8.21 Hz. Note that the experimental 
prototype is in the situation of underload and the load initially deviates from the minimum stiffness 
point by 16 mm. 

Table 1. Parameters of the experimental prototype. 
Parameter Value 𝑚 4.05 kg 𝐾  10.77 N/mm 𝐾  1.72 N/mm 𝐾  5.18 N/mm 𝐾  8.31 N/mm 𝐿 50 mm 𝑑 20 mm 

The data acquisition system is mainly comprised of a computer, an LMS data acquisition and 
analyzer and two accelerometers. Accelerometer 2 is installed on the loading support to obtain the 
response signal and accelerometer 4 is fixed to the base plate with the purpose of obtaining the 
excitation signal. 

FFT technique is applied to obtain the basic harmonic component of the response. Then the 
acceleration transmissibility is defined as the ratio between the amplitude of the basic harmonic 
component of the load and that of the base excitation. The experimental results are shown in 
Fig. 13. It can be seen that the experimental natural frequency of the equivalent linear vibration 
isolator is about 8.1 Hz, which is close to the theoretical one. Besides, the initial isolation 
frequency of the linear system is about 11.6 Hz. For the HSLDS vibration isolator with 𝛽 = 0.16, 
the resonant frequency and the initial isolation frequency are about 7.6 Hz and 11.2 Hz, 
respectively. Thus, the resonant frequency and the initial isolation frequency are separately 
reduced by 0.5 Hz and 0.4 Hz compared to the linear system. For the case of 𝛽 = 0.48, the 
resonant frequency and the initial isolation frequency are reduced by 1.1 Hz and 1 Hz, respectively. 
When the stiffness ratio increases to 0.77, the resonant frequency and the initial isolation 
frequency are further decreased. In addition, the peak transmissibility is lowered with the increase 
of the stiffness ratio. 

 
Fig. 13. Absolute acceleration transmissibility for various stiffness ratios 

Note that the isolation performance of the HSLDS vibration isolator in the high frequency 
band is slightly inferior to that of the linear one. This is mainly due to the fact that a greater 
damping exists in the HSLDS prototype. Specifically, the frictional damping is generated by 
hinges. However, a greater damping is beneficial to the isolation performance in the resonant 
region and the stability of the HSLDS vibration isolator. Overall, it can be concluded that the 
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HSLDS vibration isolator outperforms the equivalent linear counterpart. 

6. Conclusions 

In this study, a novel HSLDS vibration isolator with scissor-like structure is developed. The 
force and stiffness characteristics are first investigated by the static analysis. Then the absolute 
displacement transmissibility of the HSLDS system is obtained based on the HBM. It is 
demonstrated that increasing the excitation amplitude can deteriorate the isolation performance. 
Although increasing the damping ratio is beneficial for the suppression of transmissibility in the 
resonant region, the performance in higher frequencies can be deteriorated. Besides, choosing a 
greater stiffness ratio can obtain a wider isolation frequency band. The HSLDS vibration isolator 
outperforms the equivalent linear counterpart when the excitation amplitude is not too large. 

The initial isolation frequency is obtained. It is indicated that adjusting the excitation amplitude 
to a lower level or applying a greater damping ratio can reduce the initial isolation frequency. 
Finally, the experiment is conducted. It is shown that the resonant frequency and the initial 
isolation frequency can be reduced by at least 1.1 Hz and 1 Hz, respectively, when the stiffness 
ratio is greater than 0.48, demonstrating that the proposed HSLDS vibration isolator outperforms 
the equivalent linear counterpart. 
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