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under Mixed-Elastohydrodynamic Conditions 
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R. Rahmani, S. Theodossiades and H. Rahnejat 

Wolfson School of Mechanical, Electrical and Manufacturing Engineering, Loughborough 
University, Loughborough, UK   

* M.Mohammad-pour@lboro.ac.uk 

 

Abstract 
Improved fuel efficiency and reduced emissions are key drivers for modern drivetrain 

systems. Therefore, in recent years, dry sumps with air-oil mist lubrication have been used 

for efficient transmission design in order to reduce the churning losses. With dry sumps 

appropriate cooling measures should be implemented to dissipate the generated contact heat 

in an efficient manner.    

This paper integrates a tribological model with three dimensional thermofluid analysis in 

order to predict the heat generated in the lubricated meshing gear contacts and its dissipation 

rate by an impinging oil jet in air-oil mist environment. Such an approach has not hitherto 

been reported in literature. The results show that the generated heat under realistic conditions 

cannot be entirely dissipated by the impinging oil jet in the air-oil mist transmission casing. 

Numerical results are used to derive extrapolated regressed equations for heat transfer 

purposes for time-efficient analysis. These conform well with the detailed numerical results. 

Keywords: Dry sump transmission, thermo-elastohydrodynamics, heat transfer, oil jet    

Nomenclature:    
A Apparent contact area 

Aa Asperity contact area 

A Hertzian semi-minor 
half-width 

B Hertzian semi-major 
half-width 

mailto:M.Mohammad-pour@lboro.ac.uk
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𝒄𝒄′ Specific heat capacity 
of solid surfaces 

𝑫𝑫𝒏𝒏𝒏𝒏𝒏𝒏𝒏𝒏𝒏𝒏𝒏𝒏  Nozzle diameter 

𝑫𝑫𝒑𝒑𝒑𝒑𝒑𝒑𝒄𝒄𝒑𝒑  Pitch diameter 

𝑬𝑬𝒓𝒓 Reduced (effective) 
elastic modulus  

𝑬𝑬′ (2Er)/π 

fv Viscous friction 

fb Boundary friction 

𝒑𝒑𝒄𝒄𝒄𝒄
∗  Dimensionless 

central film thickness 

𝒑𝒑𝒄𝒄𝒄𝒄 Central film thickness 

𝒌𝒌∗ Lubricant 
conductivity 

𝑲𝑲′ Thermal conductivity 
of solids 

𝒎𝒎  Module  

𝒑𝒑� Average contact 
pressure 

𝒑𝒑  Pressure  

Pm Mean pressure of 
asperities 

𝑹𝑹𝒏𝒏𝑮𝑮  Reynolds number of 
the gear 

𝑹𝑹𝒏𝒏𝒋𝒋  Reynolds number of 
the jet 

Rzx Principal equivalent 
radius of curvature 
along the direction of 
entraining motion, x 

Rzy Principal equivalent 
radius of curvature 
along the direction of 



3 
 

side leakage 

T  Friction per unit 
length 

𝑼𝑼𝒋𝒋  Jet velocity 

Ur Speed of entraining 
motion of lubricant 
(average surface 
speed of surfaces) 

Us Sliding velocity of 
contact (relative 
speed of surfaces) 

V


             Velocity vector 
 

W Normal applied load 

Wa Asperity contact load 

Z Number of teeth 

 

Greek symbols: 
𝜶𝜶  Pressure viscosity 

coefficient 

𝜷𝜷  Average asperity tip 
radius 

𝜺𝜺  Turbulence 
dissipation rate 

ε* Pressure-induced 
shear coefficient 

𝜼𝜼  Lubricant dynamic 
viscosity  

η0 Lubricant dynamic 
viscosity at 
atmospheric pressure 

θ0 Bulk temperature 

θs Instantaneous surface 
temperature 
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λ  Stribeck’s oil film 
parameter 

𝝁𝝁  Friction coefficient 

ξ  Asperity density per 
unit area 

𝝆𝝆  Density of lubricant 

𝝆𝝆′ Density of solid 

𝝈𝝈  Composite RMS 
surface roughness 

𝝉𝝉� Average viscous 
shear stress 

τ 0 Eyring stress 

τ L Limiting shear stress 

𝝎𝝎  Gear rotational speed 

 

Abbreviations: 
EHL Elastohydrodynamic 

Lubrication 

TCA Tooth Contact 
Analysis 

VOF Volume of fluid 

 

1. Introduction 

Reduced environmental impact and higher energy efficiency are key drivers for the modern 

drivetrain industry. Power losses of transmission systems, including those originating from 

gears, bearings and other components may be categorised as load-dependent or load-

independent losses. Friction-induced power loss is load-dependent and is as the result of 

generated friction in gear meshing, as well as from bearings. Various numerical and 

experimental studies have investigated the load-dependent power losses [1-6]. Li and 

Kahraman [1] developed a numerical model to predict frictional losses of spur gear pairs. 

Their model used mixed elastohydrodynamic lubrication (EHL), predicting the instantaneous 
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gear pair mechanical power losses for each contacting teeth, as well as the overall losses 

during the gear meshing cycle. Mohammadpour et al. [2, 3] presented an integrated multi-

body dynamics and lubricated contact mechanics model for transient response of 

transmission efficiency, as well as noise, vibration and harshness (NVH) performance of 

hypoid gears under various conditions. They showed that the NVH performance and 

transmission efficiency are inextricably linked, sometimes with contradictory requirements. 

NVH performance deteriorates during acceleration, whereas it increases the chance of 

lubricant film formation, thus improving transmission efficiency. Talbot et al. [4] performed 

an experimental study of power loss of planetary gear set under various operating speeds and 

torques, inlet oil temperature, number of planets and roughness of the contacting surfaces. 

Their experimental results indicated that mechanical power loss decreases with reducing 

lubricant temperature and with improved surface quality. Mohammadpour et al. [5] extended 

the hypoid gear meshing problem to non-Newtonian shear of thin lubricant films under 

mixed-elastohydrodynamic conditions at very high loads, typical of vehicular differential 

systems. Fatourehchi et al. [6] introduced an analytical method with improved computation 

times to estimate gear contact power loss in high performance transmission systems. They 

investigated the effect of different gear teeth form modifications on power loss and system 

durability. Paouris et al. [7] extended the work in [2] through inclusion of sub-surface stress 

analysis and included the prediction of orthogonal reversing shear stresses, which are often 

responsible for inelastic deformation of contacting surfaces through fatigue spalling [8]. 

The load-independent power losses are due to churning and windage. They are mainly 

affected by the drag of lubricant on the rotating bodies. Therefore, these losses are influenced 

by lubrication cooling. Majority of transmission systems, particularly in automotive 

applications are cooled through a dipped (splash) lubrication system, where rotating gears are 

partially immersed into an oil sump. In such systems, the churning losses are one of the main 

concerns. Seetharaman and Kahraman [9] proposed a numerical model to predict the 

churning losses of gear pairs. The model took into account both spin power losses due to the 

interaction of individual gears with a bath of lubricant, as well as power loss due to the 

pumping of the lubricant into the gear mesh. The proposed model was validated through 

experimental measurements [10]. Changenet and Velex [11] established an analytical 

formulation to predict churning losses of a spinning gear. They investigated the effect of 

various gear ratios on the churning losses.  
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Windage power loss is another source of load-independent losses. Dawson [12] carried out 

experimental measurements on gear windage losses. However, the experiments were carried 

out in air, thus not accounting for any lubricant vapour and mist.  

Recently, dry sump (no oil bath) lubrication has received much attention. It has been 

implemented in many high-performance transmissions in an attempt to minimise/eliminate 

the churning losses. In these cases, oil jets provide lubricant feed into the gear meshing 

conjunctions to dissipate the generated contact heat. In dry sump gearboxes, it is necessary to 

ensure that a sufficient volume of lubricant penetrates into the meshing teeth conjunctions for 

lubrication and cooling. Gear bulk temperature is a controlling factor in inhibiting gear 

scoring or scuffing failures [13]. Therefore, proper cooling prevents excessive surface 

temperature rise, which would lead to the failure of the gear teeth. Due to the limited 

application of this type of lubrication (mostly in the aerospace industry), there have been few 

studies reported in the open literature with regard to the modelling of jet lubrication and 

prediction of performance. Those presented are mostly concerned with surface oil availability 

and penetration depth into the gear teeth conjunctions using an impinging oil jet [13, 14]. 

Akin et al. [14] performed several experimental tests for oil jet lubrication of spur gears. The 

tests were carried out on different gears with a variable oil jet velocity. They used a high-

speed camera to determine the oil impingement depth. Their study concluded that if the jet is 

not atomized an optimum oil penetration depth could be attained. The study did not tackle the 

thermal behaviour of jet impingement on rotating gear surfaces.  McCain and Alsandor [15] 

introduced an analytical method to study the effect of oil jet nozzle position and oil 

impingement depth on the load carrying capacity of the lubricant film. Their analysis 

indicated that modified gear teeth (tip relief) would improve the lubricant penetration. They 

also claimed that improved oil jet lubrication is achievable if the jet would impinge upon both 

the loaded and unloaded gear teeth faces. This is directly due to the oil jet position and 

velocity. However, their model did not take into account the windage losses. DeWinter and 

Blok [16] developed an analytical model to determine the heat removal rate of an impinging 

jet from gear surfaces. The model was based on a surface-adhered laminar film layer formed 

on the gear flanks, which over-estimated the thickness of the layer. This over-estimation led 

to the over-estimation of the rate of heat dissipation. 

Recently, Fondelli et al. [17] studied the oil injection losses on a rotating gear through a 

computational fluid dynamics (CFD) analysis. Their model was based on a single oil jet 

impingement on a high-speed gear, using the volume of fluid (VOF) model. The analysis was 
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carried out to obtain the resistive torque due to oil jet lubrication. Based on their results, the 

impinging oil jet breaks up into small droplets, which do not play a role in the actual 

lubrication process. The study did not include a heat dissipation analysis, which is important 

in impinging oil jet losses.  

The current study reports on an integrated numerical model to obtain conjunctional heat 

generation in lubricated gear contacts, with heat dissipation due to an impinging oil jet in the 

air-oil mist environment of a dry sump transmission. This approach, has not hitherto been 

reported in literature.  

In order to obtain an efficient analytical model for future system-level studies, the effect of 

different variables including nozzle oil flow rate, oil availability in transmission housing, gear 

rotational speed and temperature on the overall heat dissipation from the gear surface is 

investigated. An extrapolated equation is derived from all the predicted numerical results, 

using linear regression analysis. The presented equations would enable transmission 

designers to analyse the heat dissipation performance of dry sump transmissions without the 

need for further time-consuming numerical analysis.     

 
2. Methodology  

The presented method combines a lubricated contact mechanics model (tribological model) 

with thermo-fluid dynamics (CFD model) of an impinging jet of supplied lubricant to the 

gear contact in an air-oil mist environment (dry sump) of a high-performance transmission 

system. The contact model predicts the generated heat in the meshing teeth conjunctions, 

whilst the thermo-fluid analysis deals with the issue of gear pair cooling.  

 
2.1. Tribological model 

The heat generated in the contacts of meshing teeth pairs is as the result of friction. The 

meshing gear teeth pairs are subject to mixed-elastohydrodynamic regime of lubrication 

because of the shear of thin lubricant films and asperity interactions of real rough teeth 

flanks.  To determine these sources of friction, the instantaneous contact geometry and 

kinematics, comprising rolling and sliding surface velocities, as well as the instantaneous 

applied normal load during the meshing cycle are required. These parameters constitute the 

required input for the elastohydrodynamic analysis, and are obtained through the use of Tooth 
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Contact Analysis (TCA), based on finite element approach highlighted by Vijayakar [18], Xu 

and Kahraman [19] and Karagiannis et al. [20]. The developed TCA model takes into account 

different tooth profile modifications to obtain accurate contact geometry, contact kinematics 

and loading.  

(a)- Viscous friction  
Evans and Johnson [21] developed an analytical method to obtain viscous friction in 

elastohydrodynamic contacts. These relationships are based upon an experimentally validated 

analytical approach. They take into account the thermal shear thinning of the lubricant under 

various regimes of traction; in Newtonian as well as non-Newtonian shear behaviour of the 

lubricant. This equation predicts the maximum shear stress and friction. It is used in the 

current analysis in order to obtain the worst-case scenario. In the derivation of this equation, 

the effect of temperature on viscosity was taken into account with thermal analysis, based on 

the work of Crook [22]. Later in the results section (4-e), where the effect of gear surface 

temperature in a jet and air-oil mist system is studied, a range of power losses due to viscous 

friction are studied. 

The coefficient of friction is given as [21]: 

𝜇𝜇 = 0.87𝛼𝛼𝜏𝜏0 + 1.74 𝜏𝜏0
�̅�𝑝
𝑙𝑙𝑙𝑙 � 1.2

𝜏𝜏0ℎ𝑐𝑐0
�2𝐾𝐾

∗𝜂𝜂0
1+9.6𝜉𝜉

�
1
2�       (1) 

where: 

𝜉𝜉 =
4
𝜋𝜋

𝐾𝐾∗

ℎ𝑐𝑐0 𝑅𝑅𝑧𝑧𝑧𝑧⁄ �
�̅�𝑝

𝐸𝐸′𝑅𝑅𝑧𝑧𝑧𝑧𝐾𝐾′𝜌𝜌′𝑐𝑐′𝑈𝑈𝑟𝑟
�
1 2⁄

 

where, ℎ𝑐𝑐0  is the film thickness at any instant of time during the meshing cycle under the 

operating conditions. This is obtained using the lubricant film thickness equation provided by 

Chittenden et al. [23]: 

ℎ𝑐𝑐0∗ = 4.31𝑈𝑈𝑒𝑒0.68𝐺𝐺𝑒𝑒0.49𝑊𝑊𝑒𝑒
−0.073 �1 − 𝑒𝑒

�−1.23�
𝑅𝑅𝑧𝑧𝑧𝑧
𝑅𝑅𝑧𝑧𝑧𝑧

�
2 3⁄

�
�                (2) 

where, 𝑅𝑅𝑧𝑧𝑧𝑧 and 𝑅𝑅𝑧𝑧𝑧𝑧 are the equivalent instantaneous principal radii of contact of a pair of 

meshing teeth at the point of contact within the meshing cycle [2,5]. The operational 

conditions of the studied case are within the range of validity of both equations (1) and (2).  
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It should be noted that the above film thickness formula does not take into account any 

lubricant non-Newtonian shear behaviour. According to Mohammadpour et al. [5], the largest 

difference between Newtonian and non-Newtonian film thickness is around10%. Therefore, 

the effect of non-Newtonian shear is rather inappreciable when calculating viscous friction 

(equation (1)) under high non-Newtonian shear. The non-dimensional groups are: 

𝑈𝑈𝑒𝑒 = 𝜋𝜋𝜂𝜂0𝑈𝑈𝑟𝑟
4𝐸𝐸𝑟𝑟𝑅𝑅𝑧𝑧𝑧𝑧

 , 𝑊𝑊𝑒𝑒 = 𝜋𝜋𝜋𝜋
2𝐸𝐸𝑟𝑟𝑅𝑅𝑧𝑧𝑧𝑧2

 , 𝐺𝐺𝑒𝑒 = 2
𝜋𝜋

(𝐸𝐸𝑟𝑟𝛼𝛼) ,  ℎ𝑐𝑐0∗ = ℎc0
𝑅𝑅𝑧𝑧𝑧𝑧

 

where, the pressure viscosity coefficient, α, is assumed to remain constant. In practice, the 

value of α alters with temperature. The same value is also used in the relationship for the 

coefficient of friction (equation (1)). 

The effect of pressure on viscosity is based on the Roelands’ equation [4], which was used in 

the numerical analysis of Chittenden et al. [23], thus embedded in equation (2). The lubricant 

density varies with pressure according to Dowson and Higginson [24] as: 

𝜌𝜌 = 𝜌𝜌0 �1 + 0.58𝑃𝑃𝐸𝐸′

1+1.68𝑃𝑃𝐸𝐸′
�          (3) 

The effect of temperature on lubricant density is not included in the above equation since the 

lubricant temperature rise in the case studied is utmost 13°C, as shown in the results section.  

Therefore, the generated viscous friction becomes: 

𝑓𝑓𝑣𝑣 = 𝜇𝜇𝑊𝑊            (4) 

(b)- Boundary friction 
Lubricant films in gear teeth pair contacts are usually quite thin; comparable to the roughness 

of the contiguous surfaces. Therefore, interaction of the opposing asperity peaks on the 

counter face surfaces occurs and promotes boundary friction. Greenwood and Tripp [25] 

presented a model that is widely used in predicting boundary friction. Mixed regimes of 

lubrication occur when the Stribeck’s oil film parameter falls within the range: 1 < 𝜆𝜆 = ℎ𝑐𝑐0
𝜎𝜎

<

2.5. Under these conditions, a proportion of the contact load is carried by the contact of 

asperity heights as:  

𝑊𝑊𝑎𝑎 = 16√2
15

𝜋𝜋(𝜉𝜉𝜉𝜉𝜉𝜉)2�
𝜎𝜎
𝛽𝛽
𝐸𝐸′𝐴𝐴𝐹𝐹5 2⁄ (𝜆𝜆)        (5) 

where, the statistical function F5/2(λ) for an assumed Gaussian distribution of asperities is 

obtained as [26]: 
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F5/2 = �−0.004λ5 − 0.057λ4 − 0.29λ3 − 0.784λ2 − 0.784λ − 0.617    for λ < 2.5
0;                                                                                                                  for λ ≥ 2.5  (6)  

For steel surfaces, the roughness parameter (ξβσ) is generally in the range 0.03–0.07 [25]. σ/β 

is a measure of the average asperity slope [27]. This is usually in the range: 10-4-10-2. In the 

current study, these were obtained through measurements of a typical gear tooth topography 

using white light interferometry as: ξβσ = 0.055 and σ/β = 10-3 [28]. 

A thin film of boundary active lubricant additives (a tribo-film) is usually adsorbed or bonded 

to the summit of the interacting asperities, or is entrapped in their inter-spatial valleys. It is 

assumed that the boundary film is functioning ideally during gear meshing. In practice the 

temperature rise of the surface as well as potential wear can affect the tribo-film, thus leading 

to changes in boundary friction. This lubricant film is subjected to non-Newtonian shear, 

thus: 

𝑓𝑓𝑏𝑏 = 𝜏𝜏𝐿𝐿𝐴𝐴𝑎𝑎           (7) 

where 𝜏𝜏𝐿𝐿 is the lubricant’s limiting shear stress: 

𝜏𝜏𝐿𝐿 = 𝜏𝜏0 + 𝜀𝜀∗𝑃𝑃𝑚𝑚           (8) 

where, the mean asperity interaction pressure 𝑃𝑃𝑚𝑚 is obtained as: 

𝑃𝑃𝑚𝑚 = 𝜋𝜋𝑎𝑎
𝐴𝐴𝑎𝑎

           (9) 

The asperity contact area is given as [25]: 

𝐴𝐴𝑎𝑎 = 𝜋𝜋2(𝜉𝜉𝜉𝜉𝜉𝜉)2𝐴𝐴𝐹𝐹2(𝜆𝜆)          (10) 

The statistical function F2(λ) is calculated as [26]: 

𝐹𝐹2(𝜆𝜆) = �−0.002𝜆𝜆5 − 0.028𝜆𝜆4 − 0.173𝜆𝜆3 + 0.526𝜆𝜆2 − 0.804𝜆𝜆 − 0.500    𝑓𝑓𝑓𝑓𝑓𝑓 𝜆𝜆 < 2.5
0;                                                                                                                     𝑓𝑓𝑓𝑓𝑓𝑓 𝜆𝜆 ≥ 2.5  (11) 

 

(c)- Power Loss 
The instantaneous power loss within the meshing cycle is obtained as: 

 𝑃𝑃𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙 = (𝑓𝑓𝑣𝑣 + 𝑓𝑓𝑏𝑏)𝑈𝑈𝑙𝑙           (12) 

It is assumed that the total generated power loss would convert to heat. The thin 

elastohydrodynamic films contribute very little to the transfer of generated heat from the 
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contact conjunction through convection cooling [27]. Therefore, it is safe to assume that the 

generated heat is mainly conducted through the contacting teeth, thus increasing their surface 

temperatures. Some of the generated heat is then dissipated by an oil jet directed towards the 

contacting teeth, as well as by the air-oil mist environment of the dry sump transmission 

casing in order to maintain the thermal balance under steady state conditions. The increased 

surface temperature is the heat source in the computational fluid dynamics model. The 

boundary conditions should be estimated through use of the integrated tribological model. 

The contact of a pair of cylindrical spur gear teeth yields a finite line contact of thin 

rectangular band of width 2b [27, 28]. Friction per unit length is then obtained as: 

𝑇𝑇 = 𝑓𝑓𝑣𝑣+𝑓𝑓𝑏𝑏
2𝑏𝑏

           (13) 

Therefore, the heat generated due to the power loss per unit length of contact becomes TUs. 

Assuming that the heat flows equally to both the contacting surfaces, Crook [22] showed that 

the average surface temperature rise would become: 

𝜃𝜃𝑙𝑙 = 𝜃𝜃0 + 0.5𝑇𝑇𝑈𝑈𝑠𝑠
(𝜋𝜋𝐾𝐾′𝜌𝜌′𝑐𝑐′𝑎𝑎𝑈𝑈𝑟𝑟)1/2         (14) 

 

2.2 Thermo-fluid dynamics of an Impinging Jet 
A standard k-ε computational fluid dynamics (CFD) model is used to model the impinging 

turbulent lubricant flow. The governing equations for conservation of mass and momenta for 

each phase in a 3D Newtonian and incompressible turbulent flow are obtained as [29]: 

Continuity condition:  

𝜕𝜕𝑢𝑢𝑖𝑖
𝜕𝜕𝑧𝑧𝑖𝑖

= 0                     (15) 

Conservation of momentum: 

𝜌𝜌 𝜕𝜕�𝑢𝑢𝑖𝑖𝑢𝑢𝑗𝑗�
𝜕𝜕𝑧𝑧𝑗𝑗

= − 𝜕𝜕𝑝𝑝
𝜕𝜕𝑧𝑧𝑖𝑖

+ 𝜕𝜕
𝜕𝜕𝑧𝑧𝑗𝑗

�𝜂𝜂eff �
𝜕𝜕𝑢𝑢𝑖𝑖
𝜕𝜕𝑧𝑧𝑗𝑗

+ 𝜕𝜕𝑢𝑢𝑗𝑗
𝜕𝜕𝑧𝑧𝑖𝑖
��                 (16) 

Turbulent kinetic energy: 

𝜌𝜌 𝜕𝜕
𝜕𝜕𝑧𝑧𝑗𝑗

�𝑢𝑢𝑗𝑗𝑘𝑘 −
𝜂𝜂eff
𝜎𝜎𝑘𝑘
′ × 𝜕𝜕𝜕𝜕

𝜕𝜕𝑧𝑧𝑗𝑗
� = 𝐺𝐺 − 𝜌𝜌𝜀𝜀                  (17) 

Dissipation rate of k: 
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𝜌𝜌 𝜕𝜕�𝑢𝑢𝑗𝑗𝜀𝜀�
𝜕𝜕𝑧𝑧𝑗𝑗

= 𝜕𝜕
𝜕𝜕𝑧𝑧𝑗𝑗

�𝜂𝜂eff
𝜎𝜎𝜀𝜀′

× 𝜕𝜕𝜀𝜀
𝜕𝜕𝑧𝑧𝑗𝑗
� + �𝐶𝐶1𝐺𝐺𝜀𝜀−𝐶𝐶2𝜌𝜌𝜀𝜀2�

𝜕𝜕
                 (18) 

where: 

𝐺𝐺 = 𝜂𝜂t
𝜕𝜕𝑢𝑢𝑗𝑗
𝜕𝜕𝑧𝑧𝑖𝑖

�𝜕𝜕𝑢𝑢𝑗𝑗
𝜕𝜕𝑧𝑧𝑖𝑖

+ 𝜕𝜕𝑢𝑢𝑖𝑖
𝜕𝜕𝑧𝑧𝑗𝑗
�                        (19) 

and the effective lubricant viscosity is: 

𝜂𝜂eff = 𝜂𝜂 + 𝜌𝜌𝐶𝐶𝜂𝜂
𝜕𝜕2

𝜀𝜀
                    (20) 

 

The constants in the above set of equations have nominal values provided by Launder and 

Spalding [30] as: 

C1 = 1.44, C2 = 1.92, Cη = 0.09, 𝜉𝜉𝜕𝜕′  = 1.00 and 𝜉𝜉𝜀𝜀′ = 1.30 

The energy equation is [31]: 

 

𝜌𝜌 𝐷𝐷𝐷𝐷
𝐷𝐷𝐷𝐷

= 𝐷𝐷𝑝𝑝
𝐷𝐷𝐷𝐷

+ ∇. (𝑘𝑘∗∇𝜃𝜃) + 𝜏𝜏�̅�𝑖𝑗𝑗
𝜕𝜕𝑈𝑈𝑖𝑖
𝜕𝜕𝑧𝑧𝑗𝑗

                             (21) 

where, H  is the fluid enthalpy, θ  is the temperature and K* is the lubricant thermal 

conductivity.  

It should be noted that in the developed CFD model, the Nusselt number is coupled with 

Reynolds number, based on the Dittus-Boelter equation [32]. 

(a)- Volume of fluid (VOF) model 
The interface between the immiscible liquid lubricant and the liberated vapour phase is 

monitored using the volume of fluid (VOF) method [33]. A volume fraction function )(Ω  is 

used as an indicator of the two fluid phases. The interface between the phases is obtained 

through solution of the convection equation: 

0. =Ω∇+
∂
Ω∂ V
t


                                                                                                                     (22) 

The surface tension model is the continuum surface force (CSF) model proposed by Brackbill 

et al. [34]. With this model, the interfacial tension is calculated and added to the source term 

in the momentum equation (16). Based on the VOF function, the interface unit normal ( n ) 

and the curvature (K) are calculated as: 
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)n.(  andn  ∇−=
Ω∇
Ω∇

= K                                                                                               (23) 

Hence, the force source )(F


in the momentum equation is expressed as: 

Ω∇
Ω∇

= KF σ


                                                                                                                   (24) 

where, σ is the interfacial surface tension between the liquid lubricant and the vapour phase. 

Based on the governing equation, the interfacial tension between the lubricant and vapour 

phases and their viscosities are taken into account in the analysis. 

(b)- Model configuration  
Figure 1 is a schematic representation of the developed model, including the boundary 

conditions for each face of a gear blank in plan and side view elevations. The oil jet is usually 

directed towards the contact exit of a pair of meshing teeth for better heat dissipation for a 

single gear pair only. Hence, the effect of the impinging oil jet on a single gear body can be 

examined, when it is assumed to have received half the generated contact heat.   
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Figure 1: Schematic representation of the developed model 

 

To reduce the computation time and memory requirements, symmetric boundary conditions 

are assumed through the middle of the tooth flank as shown on the right-hand side of Figure 

1. Furthermore, the effect of surface roughness is not taken into account in the CFD model 

since the roughness of the gear surface is less than 1 μm, which would not affect macro level 

oil flow determined through CFD on the rotating gear surface. 

The aim is to study the heat dissipation as determined by a heat transfer coefficient. Since the 

volume fraction of the liquid lubricant is much higher for the gear teeth directly facing the 

impinging jet, an average value for the heat transfer coefficient is obtained for such teeth 

separately from the others (figure 2). The heat dissipation from the rest of the gear body is 

determined separately.  
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Figure 2: Schematics of specified teeth sections facing the impinging jet 

(c)- Boundary conditions 

To define the boundaries of the computational domain, it is assumed that the gear rotates at a 

steady speed in a sufficiently large box (Figure 1). This is to minimise the effect of the 

computational boundary upon the predictions. The gear flank temperature is assumed to 

remain unchanged under steady-state conditions. This is calculated by the methodology 

highlighted in the previous section. The nozzle exit is defined as the lubricant inlet mass flow 

with a given mass flow rate. The mass flow rate for the baseline model is 0.0168 kg/s at 

100°C. The average lubricant temperature at the exit of the nozzle and the gear flank 

temperature are considered to be the same as that of the housing temperature, which is 

constant at 107°C, under steady state thermal balance. Atmospheric pressure is specified as 

the outlet boundary condition of the transmission casing (computational domain). 

For the specified speed of 114 rad/s, the time step size is chosen to be 10-4 s. Considering 35 

gear teeth, this provides almost 15 time steps of analysis for a tooth traverse through the 

impinging jet. 
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3 Solution procedure 

The proposed methodology integrates a tribological model of heat generation with CFD 

simulations to study the influence of different parameters on a combined oil jet and air-oil 

mist lubrication system. 

The solution procedure is: 

Step 1: For a given gear pair speed and torque, the instantaneous contact geometry, rolling 

and sliding velocities and the normal contact load variations are obtained through TCA. 

Step 2: The TCA results yield the inputs for the mixed-elastohydrodynamic lubrication 

contact model. This model predicts viscous and boundary friction contributions, the 

instantaneous power loss and the generated surface temperature rise in a meshing cycle. 

Step 3: The temperature rise is an input to the developed 3D CFD model in order to calculate 

the quantity of heat conducted to the gear surfaces for different combinations of jet and air-oil 

mist lubricant cooling.  

It should be noted that a range of parameters, including the surface flash temperature are 

taken into account. Thus, the calculated surface temperature only provides the baseline (mid 

value) for certain working conditions.  

In order to solve the system of equations in the CFD model, the commercial CFD package 

Fluent 16.2 (ANSYS Inc.) based on the finite volume method is used [35]. A 3D CFD model 

is developed to ascertain the effect of different parameters in a combined oil jet and air-oil 

mist lubrication system. The CFD analysis is carried out using a pressure-based VOF model. 

Coupled algorithm is selected to treat the velocity-pressure coupling. The flow is computed 

by a standard k-ε turbulent flow model. The properties of fluid in both phases are considered 

as the input data. In the VOF multi-phase model an interface is considered between the 

phases as a boundary. Therefore, there is no need to calculate the properties of the mixture, 

which is an advantage of the mixture model.      

 

4 Results and discussion  

For the purpose of analysis, a dry sump transmission system of a C-segment vehicle is 

considered. Different combinations of jet and air-oil mist lubrication systems are analysed to 
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determine the quantity of heat dissipated from the gear surfaces. Tables 1 and 2 provide the 

lubricant and gear properties. All the input data are measured  

Table 1: Lubricant and solid properties 

Pressure viscosity coefficient (Pa-1) 2.383 ×10-8 
Lubricant Atmospheric dynamic viscosity at 100°C (Pa.s) 0.0171 

Lubricant Eyring stress (MPa) 2 
Thermal conductivity of fluid (W/mK) 0.2 

Heat capacity of fluid (J/kg K) 1400 
Density of lubricant fluid at 100°C (kg/m3) 829.3 

Pressure-induced shear coefficient 0.047 
Modulus of elasticity of contacting solid (GPa) 199.9 

Poisson’s ratio of contacting solids (–) 0.3 
Density of contacting solids (kg/m3) 7850 

Thermal conductivity of contacting solids (W/m K) 46.7 
Heat capacity of contacting solids (J/kg K) 470 

Table 2: Gear geometry 

RMS composite Surface roughness (μm) 1 

Module (mm) 3.8 
Face width (mm) 13.5 

Number of teeth (pinion:gear) 13:35 
Pitch diameter (pinion:gear) (mm) 44:134 

Normal pressure angle (°)  28 

 

A typical urban manoeuvre with vehicle speed of 30 km/h, corresponding to an accelerating 

point in the New European Drive Cycle (NEDC) [36] is chosen. The operational conditions 

measured in dynamometric tests or based on NEDC are included in Table 3.  

Table 3: Operational conditions 

Parameter Value 

Power transmission from engine (W) - 

Determined based on a NEDC manoeuvre 

1086 

Gear rotational speed (the baseline model) 

(rad/s) - Determined based on a NEDC 

manoeuvre 

114 

The oil mass flow rate at nozzle exit (kg/s)- 

measured 

0.0168 

The oil temperature at nozzle exit (°C)- 100 
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measured 

The engine torque is calculated using the approach expounded by Norris et al. [37]. For these 

specified conditions, the gear rotational speed is set at 114 rad/s. This working condition 

provides a baseline as a centre range of the parameters of interest in the current study. 

Subsequently, a range of parameters is defined, based on these baseline values.  

Figure 3 shows the predicted frictional power loss in a meshing cycle for the chosen 

conditions.  

 

Figure 3: Frictional power loss 

 

The average power loss for a meshing cycle in this case is 68 W with a gear surface 

temperature rise of 13°C, where the transmitted power from engine to the transmission for 

this case is 1086 W.  According to Crook [22], the generated heat is conducted equally to the 

two mating gear teeth surfaces (i.e. 34W per tooth flank in this case). Owing to the presence 

of a thin elastohydrodynamic lubricant film, any heat dissipation due to convection is 

neglected. The generated heat should be dissipated from the gear. The current study is 

confined to the determination of heat dissipation from a rotating gear with different oil jets in 

an air-oil mist environment. The study does not take into account other heat transfer 

mechanisms such as heat conduction through the gear blank and onto its supporting shafts 

and bearings. The conductive heat transfer has been found to be fairly inappreciable [38, 39]. 

As a measure, the average heat transfer coefficient is obtained for the gear teeth facing the 

impinging jet and for others away from this position (Figure 2), using the 3D CFD model. 
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Then, the convective heat transfer between the impinging oil jet and the gear surface is 

calculated for both cases. 

The heat transfer from a gear tooth facing the oil jet is obtained as: 

�̇�𝑄1  =  ℎ1𝐴𝐴1𝛥𝛥𝜃𝜃1                    (25) 

where, ℎ1 is the average heat transfer coefficient for a tooth facing the impinging jet flow, 𝐴𝐴1 

is the area of the gear tooth and 𝛥𝛥𝜃𝜃1 is its temperature rise. The temperature difference 

between the surface and the adherent free surface mixture layer in contact with the body is 

obtained based on a volumetric average as:  

𝛥𝛥θ1 =  𝑉𝑉𝑉𝑉𝑉𝑉𝑜𝑜𝑖𝑖𝑜𝑜 (θ𝑔𝑔𝑔𝑔𝑎𝑎𝑟𝑟 𝑠𝑠𝑠𝑠𝑟𝑟𝑠𝑠𝑎𝑎𝑐𝑐𝑔𝑔–θ𝑜𝑜𝑖𝑖𝑜𝑜−𝑛𝑛𝑜𝑜𝑧𝑧𝑧𝑧𝑜𝑜𝑔𝑔 𝑔𝑔𝑧𝑧𝑖𝑖𝑒𝑒) + 𝑉𝑉𝑉𝑉𝑉𝑉𝑎𝑎𝑖𝑖𝑟𝑟 (θ𝑔𝑔𝑔𝑔𝑎𝑎𝑟𝑟 𝑠𝑠𝑠𝑠𝑟𝑟𝑠𝑠𝑎𝑎𝑐𝑐𝑔𝑔–θ𝑠𝑠𝑠𝑠𝑟𝑟𝑟𝑟𝑜𝑜𝑛𝑛𝑠𝑠𝑖𝑖𝑛𝑛𝑔𝑔 𝑎𝑎𝑖𝑖𝑟𝑟)
(𝑉𝑉𝑉𝑉𝑉𝑉𝑜𝑜𝑖𝑖𝑜𝑜+𝑉𝑉𝑉𝑉𝑉𝑉𝑎𝑎𝑖𝑖𝑟𝑟)                 (26) 

  

The surrounding air temperature is assumed to be the same as that of the housing. The heat 

transfer from other gear teeth can be obtained as: 

�̇�𝑄2  =  ℎ2𝐴𝐴2𝛥𝛥θ2                    (27) 

where, ℎ2 is the average heat transfer coefficient for all the gear teeth other than those 

directly facing the oil jet, 𝐴𝐴2 is the area of these gear teeth and 𝛥𝛥θ2 is the temperature 

difference between the gear surface and the surrounding air. 

(a)- Heat dissipation of impinging oil in a dry sump 

First, the heat dissipation from a gear flank through an impinging jet is studied. The gear 

rotational speed in the CFD model is 114 rad/s. The oil jet operates with flow rate of 0.0168 

kg/s. Using equations (25) and (27), the heat dissipation through the gear flank is obtained as 

0.56 W. This is quite small compared with the generated heat through contact friction.  

DeWinter and Blok [16] developed an analytical method to obtain the total quantity of heat 

removed per unit width from the cooled tooth faces. The method was used by Townsend and 

Akin [40] to compare with experimental measurements. They indicated that this method 

overestimates the heat dissipation. This is due to the overestimation of the free-surface 

adherent lubricant layer on the gear flank. According to DeWinter and Blok [16] heat 

dissipation from a rotating gear through an impinging oil jet is: 
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𝑄𝑄𝐷𝐷𝑙𝑙𝐷𝐷 = 1.16 �𝐿𝐿
𝑚𝑚
�
5/4

. 𝑧𝑧−1/4. � 𝜈𝜈
𝑎𝑎′
�
1/4

. 𝑚𝑚𝑏𝑏′𝜃𝜃𝑠𝑠
𝜔𝜔1/2                  (28) 

where, ɑ, is the thermal diffusivity of oil [27]: 

𝑎𝑎′ = 𝜕𝜕
𝜌𝜌𝑐𝑐

                     (29) 

and, b, is the thermal contact coefficient of oil [27]: 

𝑏𝑏′ = (𝑘𝑘𝜌𝜌𝑐𝑐)1/2                     (30) 

According to Akin et al. [41], the maximum oil jet penetration depth, L, is about 20% of the 

tooth flank depth. Using equations (28) - (30), the heat dissipation rate from a gear flank by 

an impinging oil jet in the current case study is, therefore, 1.69 W. This value is higher than 

the estimation of the current CFD model, which is an expected outcome according to the 

experimental findings of Akin et al. [41] and the overestimation of equation (28). 

Nevertheless, both values are in the same range and much lower than the generated heat 

which is to be dissipated from meshing gears. It can be concluded that a single impinging jet 

(which is common in real engineering practice) with dry sumps is far less effective in 

removing the total generated heat. One reason for the small heat dissipation by the jet is that 

the impinging oil has insufficient time to remove the heat from the gear surface. Figure 4 

shows the temperature contours based on the baseline operational values at the contact outlet, 

as well as isobaric temperature distribution of the rebounding jet. It shows that the 

rebounding flow temperature is hardly altered.  
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Figure 4: (a) Contours of temperature at the pressure outlet (b) Isobaric temperature 

distribution at the impinging jet area 

Hence, other heat removing mechanisms should be examined in order to understand the 

thermal behaviour of the system. Clearly, much of the heat is transferred through the surface 

of the transmission casing, transmission shafts and bearings. However, the current study 

focuses on the estimation of heat dissipation by fluid flow only in a quest to reduce the 

quantity of lubricant in a dry sump arrangement. Therefore, it is necessary to investigate other 

mechanisms of air-oil mist cooling.  

In order to investigate the multi-phase flow, the following figures show contours of oil 

volume fraction, mixture pressure and velocity at the outlet boundary. The simulation is 

based on the baseline operational values. 

Figure 5 shows the oil volume fraction. 
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Figure 5: (a) Contours of oil volume fraction at outlet boundary, and (b) Oil flow path-lines at 

in the impinging jet region 

Figure 5-a shows that the oil volume fraction remains almost unaltered as an input (i.e. 0.2 

based on the baseline operational value) for areas which are not close to the rotating gear and 

the impinging jet, therefore remain unaffected by their momenta. However, the area around 

the rotating gear contains a reduced volume of lubricant. This is more pronounced around the 

impinging oil jet due to the momenta of the rotating gear and the impinging jet, causing the 

lubricant to follow the path-lines shown in figure 5-b. 

 Figure 6 shows the absolute pressure of the air-oil mist environment.  
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Figure 6: Contours of pressure at the outlet boundaries 

The mixture pressure is sub-atmospheric due to vortex flows within the gear teeth involute as 

well as in the flow vortex around the impinging jet. The presence of sub-ambient pressures at 

the conjunctional outlet indicates the presence of vapour which aids cooling. If the impinging 

jet targeted the inlet to the conjunction, the presence of vapour would cause contact 

starvation. The presence of sub-ambient pressures around the impinging jet vortex flow is 

often a cause of nozzle erosion, a problem encountered in practice.   

Figure 7 shows the corresponding contours of velocity around the rotating gear blank and the 

impinging oil jet. 
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Figure 7: Contours of flow velocity at the outlet boundary 

 

(b)- Effect of volume fraction of lubricant in a jet and air-oil mist 

system 

In order to simulate the effect of air-oil mist in the computational domain, it is assumed that 

the air-oil mixture is uniformly distributed with a constant lubricant volume fraction. This 

fraction is altered from zero VOF (dry sump) to 0.3 VOF in six steps to obtain the quantity of 

heat dissipation from rotating gear surfaces. The initial oil fraction in the gearbox is defined 

as: 

∅𝑙𝑙𝑖𝑖𝑙𝑙 = 𝑉𝑉𝑉𝑉𝑉𝑉𝑜𝑜𝑖𝑖𝑜𝑜
(𝑉𝑉𝑉𝑉𝑉𝑉𝑜𝑜𝑖𝑖𝑜𝑜+𝑉𝑉𝑉𝑉𝑉𝑉𝑎𝑎𝑖𝑖𝑟𝑟)                    (31)  

Figure 8 shows the effect of different lubricant VOF on the total heat transfer from the gear 

surfaces. The quantity of dissipated heat from the gear flank is increased with the liquid 

lubricant VOF in the transmission casing. The heat transfer coefficient for the teeth facing the 

oil jet (Figure 2) is mostly affected by the impinging oil jet. As the initial fraction of oil 

increases in the transmission casing, the adherent lubricant boundary layer on the gear flank 

surfaces grows. This formed boundary layer inhibits the cooling oil jet reaching the gear 

surface in an effective manner. Therefore, the heat transfer coefficient for these teeth 



25 
 

decreases very slightly over time. However, the heat transfer coefficient for other teeth 

improves moderately. This is the reason for an overall increase in the rate of heat dissipation 

in Figure 8. 

 

 

Figure 8: Heat dissipation from a rotating gear surface for different oil volume fractions 

(c)- Combined effect of impinging jet flow rate for a jet and air-oil 

mist system 

The effect is of the impinging oil jet is represented by the jet’s Reynolds number, defined as: 

𝑅𝑅𝑒𝑒𝑗𝑗 = 𝜌𝜌𝑈𝑈𝑗𝑗𝐷𝐷𝑛𝑛𝑜𝑜𝑧𝑧𝑧𝑧𝑜𝑜𝑔𝑔
𝜂𝜂

                               (32) 

In order to investigate the effect of impinging jet, its flow rate is altered from half to 1.5 times 

of the baseline flow rate of 0.0168 kg/s in five steps. It is assumed that the transmission sump 

initially contains 20% liquid lubricant (i.e. Фoil = 0.20). Figure 9 represents the effect of oil 

jet’s Reynolds number on the heat dissipation from the rotating gear. The heat dissipation 

from the gear flank consistently increases with the jet’s Reynolds number, indicating a higher 

rate of cooling.  
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Figure 9: Heat dissipation variation for a rotating gear surface with oil jet Reynolds number 

(d)- Effect of gear rotational speed in a jet and air-oil mist system 

The variation of gear rotational speed, as indicated by its Reynolds number also affects the 

rate of cooling. The gear rotational Reynolds number is assumed to be equal to the equivalent 

disk Reynolds number [42] as: 

𝑅𝑅𝑒𝑒𝐺𝐺 =
𝜌𝜌𝑎𝑎𝑖𝑖𝑟𝑟𝜔𝜔𝐷𝐷𝑝𝑝𝑖𝑖𝑒𝑒𝑐𝑐ℎ

2

𝜂𝜂𝑎𝑎𝑖𝑖𝑟𝑟
                    (33) 

The gear speed is increased from half to 1.5 times the baseline gear speed of 114 rad/s in five 

steps. It is assumed that the transmission sump initially contains 20% liquid lubricant (i.e. 

Фoil = 0.20). Figure 10 shows that the heat dissipation from the gear flank increases with gear 

speed because of the increased turbulent flow in the jet impinging area, which enhances the 

heat transfer rate. 
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Figure 10: Heat dissipation variation for a rotating gear surface with gear rotational Reynolds 

numbers 

(e)- Effect of gear surface temperature in a jet and air-oil mist 
system 
The gear surface temperature also influences the heat dissipation rate. This is due to the 

change in the properties of the free surface adherent film mixture such as its viscosity, which 

also affects the turbulent flow. The temperature difference between the gear flank and the jet 

outlet is altered from half to 1.5 times the initial temperature difference of 13°C in five steps. 

The lubricant temperature at the nozzle exit and the housing temperature are kept constant at 

100°C and 107°C respectively. It is assumed that the gearbox initially contains 20% liquid 

lubricant (Фoil = 0.20). Figure 11 shows that an increasing temperature difference between the 

gear flank and the impinging jet directly affects the quantity of dissipated heat.  
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Figure 11: Heat dissipation variation for a rotating gear surface with gear surface temperature 

The increase in the heat dissipation with the temperature rise is due to the direct relationship 

between heat transfer and the temperature rise in equations (25) and (27). Additionally, an 

increase in temperature difference between the gear flank and the nozzle exit increases the 

heat transfer coefficient of the gear flank due to thermal mixing and turbulence. Figure 12 

shows the increase in heat transfer coefficient for the gear teeth facing the impinging jet 

(Figure 2) and also for the other teeth. 

 

Figure 12: Effect of gear temperature increase on the heat transfer coefficient of gear flank 
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5 Regression Analysis 

The analysis method presented here is computationally intensive and thus difficult to 

implement to an entire transmission system. It is important to take the developed results into 

a more efficient model to enable prediction of thermal behaviour in dry sump transmissions 

and/or for air-oil mist systems. To achieve this, a multiple linear regression method is used to 

feed all the obtained results into a multi-variable function.  

Two equations are developed. The first equation presents the Nusselt number for the gear 

teeth directly facing the oil jet. The thermal behaviour of these teeth is governed by the oil 

flow from the impinging jet. The second equation presents the Nusselt number for the 

remaining teeth, which are in contact with air in a dry sump system or with air-oil mist 

mixture in a mist lubricated transmission. The average heat transfer coefficient can be 

obtained from these Nusselt numbers as: 

ℎ = 𝑁𝑁𝑢𝑢����𝜕𝜕
𝐷𝐷

                                                                      (34) 

 

(a)- 𝑵𝑵𝑵𝑵����𝑮𝑮 for teeth directly facing an oil jet 

The following Nusselt number equation is obtained for the teeth facing an impinging oil jet: 

𝑁𝑁𝑢𝑢����𝐺𝐺 = 0.516∅𝑙𝑙𝑖𝑖𝑙𝑙−0.069𝑅𝑅𝑒𝑒𝑗𝑗0.898𝑅𝑅𝑒𝑒𝐺𝐺0.059θ∗1.122                                          (35) 

where:  

θ∗ = ∆θ
θ𝑛𝑛𝑜𝑜𝑧𝑧𝑧𝑧𝑜𝑜𝑔𝑔 𝑔𝑔𝑧𝑧𝑖𝑖𝑒𝑒

, and 𝛥𝛥θ = θ𝑔𝑔𝑒𝑒𝑎𝑎𝑟𝑟 𝑙𝑙𝑢𝑢𝑟𝑟𝑓𝑓𝑎𝑎𝑐𝑐𝑒𝑒 − θ𝑛𝑛𝑙𝑙𝑧𝑧𝑧𝑧𝑙𝑙𝑒𝑒 𝑒𝑒𝑧𝑧𝑖𝑖𝐷𝐷   

 

The difference between the values from equation (35) and those obtained numerically for the 

teeth facing the oil jet is less than 10%. 

 

(b)- 𝑵𝑵𝑵𝑵����𝑮𝑮 for the gear teeth not directly facing an oil jet  

The following regressed equation is obtained for the remaining gear teeth, not directly facing 

the jet flow, in contact with either air or an air-oil mixture: 

𝑁𝑁𝑢𝑢����𝐺𝐺 = 1.128∅𝑙𝑙𝑖𝑖𝑙𝑙0.24𝑅𝑅𝑒𝑒𝑗𝑗0.41𝑅𝑅𝑒𝑒𝐺𝐺0.31θ∗1.756                               (36) 
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The difference between the values from equation (36) and those obtained numerically for the 

other teeth than those directly facing the oil jet is less than 10%. 

Comparison of equations (35) and (36) shows relatively good agreement with the numerical 

results. According to equation (35), increasing Фoil decreases the heat dissipation rate from 

the teeth facing the oil jet. This is due to a thin boundary layer developed by an initial layer of 

lubricant, which prevents the impinging jet flow to readily reach the gear surface. The teeth 

facing the oil jet are affected more by the impinging jet. Therefore, 𝑁𝑁𝑢𝑢����𝐺𝐺 for these teeth is 

influenced more by Rej than ReG. The converse is true for 𝑁𝑁𝑢𝑢����𝐺𝐺  (all the other gear teeth), 

which are affected by ReG. This is due to enhanced turbulent flow between the gear teeth and 

the surrounding mixture of oil and air. 

 
6 Conclusions 

An integrated numerical method, comprising a tribological heat generation model and a CFD 

heat dissipation model is presented. The heat dissipation from a rotating gear by an impinging 

oil jet is investigated. The power loss in a meshing cycle and the resulting temperature rise in 

the contact are obtained using an analytical thermo-elastohydrodynamic lubrication model. A 

3D CFD model is developed to obtain the quantity of dissipated heat from the gear teeth 

surfaces. This is a novel approach, not hitherto reported in the literature. The developed 

model is based on validated methods. The results are qualitatively validated against analytical 

method in [16]. Experimental verification is clearly desirable. However, the current study 

deals with a pair of meshing gears, whilst the transmission system comprises many meshing 

pairs. Therefore, for future work a single gear pair rig needs to be designed and developed.  

A baseline case of a passenger car transmission is considered, subjected to part of an NEDC 

specified manoeuvre. Different analyses are carried out in order to study the effects of 

various parameters on heat transfer rate through the gear surfaces. The results show that the 

maximum heat dissipation from the gear surface through an impinging jet, as well as an air-

oil mist environment is nearly 3.5% of the generated heat for a single gear. This indicates that 

the generated heat in the contact cannot be dissipated only through fluid-structure 

interactions. Other mechanisms such as heat conduction to other components and subsystems, 

as well as the effect of other jets impinging on non-selected gears contribute to thermal 
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balance. The implication is that formation of baffles within a transmission system may be 

necessary to increase the contact time of a diminishing volume of the fluid medium with the 

structural members, which is a current trend in the development of modern dry sump 

transmissions. It is important to note that transient effect of conduction and convection 

cooling from the gear bodies should ideally be included in the overall model, using a finite 

element approach. This will provide a clearer picture of heat transfer mechanisms in meshing 

gears, and constitutes the future direction of this research.        

The results are also used to obtain correlations for regressed 𝑁𝑁𝑢𝑢����𝐺𝐺  in terms of dimensionless 

variables Фoil, Rej, ReG and θ∗ for both directly wetted teeth by an oil jet and other gear teeth 

in an air-oil mist environment. These equations can be used for rapid predictions of heat 

transfer from an entire transmission, which would otherwise represent a computationally 

inhibitive analysis through use of a detailed model such as that presented in this study.  
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