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Abstract

An experimental and analytical investigation was conducted on an air-to-water heat exchanger
equipped with six wickless heat pipes (thermosyphons) charged with water as the working fluid. The
flow pattern consisted of a double pass on the evaporator and condenser sections. The six
thermosyphons were all made from carbon steel, measured 2m in length and were installed in a
staggered arrangement.

The objectives of the reported experimental investigation were to analyse the effect of multiple air
passes at different air inlet temperatures (100 to 250°C) and air mass flow rates (0.05 to 0.14kg/s) on
the thermal performance of the heat exchanger unit including the heat pipes. The results were
compared with a CFD model that assumed the heat pipes were solid rods with a constant conductivity.
The conductivity of the pipes was extracted from modifications of correlations available in the
literature based around the theory of Thermal Resistance. The results proved to be very accurate
within 10% of the experimental values.
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1. Introduction

Heat pipe-based heat exchangers are finding increased usage in a variety of applications due to new
environmental policies to reduce exhaust temperatures and the carbon footprint of many industries
[1;2]. These devices uniqueness derives from the use of heat pipes, responsible for increasing the heat
exchanger’s reliability, flow separation, ease of operation, system efficiency and reducing the overall
manufacturing and maintenance cost. A heat pipe is essentially a superconductor [3], consisting of a
sealed and evacuated tube partially filled with a working fluid. The working fluid is responsible for
the device’s high heat transfer capabilities as when faced with a temperature difference it enters a
state of evaporation/condensation, allowing large quantities of heat to be transferred at an essentially
constant temperature.

Heat pipe-based heat exchangers find use in a wide variety of industries, such as space [4], computing
and electronics [5], ventilation and air conditioning (including dehumidification devices) [6], solar
energy systems [7], water desalination [8], and nuclear systems [8;9], from temperatures below zero
degrees [10], to as high as 950°C [11], depending on the materials composing the pipe and the
working fluid used.

The basic operation of a wickless heat pipe (thermosyphon) relies upon a difference in temperature
between both ends of the pipe. Upon coming into contact with a heat source, the working fluid inside
the pipe evaporates, transporting the heat to the top of the pipe. When this vapour makes contact with
the cooler wall of the pipe at the top, it condenses, releasing its latent heat and changing phase to
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liquid that will flow back to the evaporator due to the gravity effect to complete the working cycle
[12].

There is a particular characteristic that can change a heat pipe’s working principle and that is the
existence or lack of a wick structure. Heat pipes that are used in the thermal management of electronic
components have a built-in wick structure that allows them to work against the force of gravity, due to
capillary pressure being exerted on the fluid. Heat pipes applied in industrial heat exchangers are
devoid of a wick in order to keep costs. A schematic of a wickless heat pipe can be seen in Figure 1.
Wickless heat pipes are technically named two-phase closed thermosyphons or gravity-assisted heat
pipes and are the ones used in the experiment described in this paper.
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Figure 1 — Schematic of a working two-phase closed thermosyphon.

The heat exchanger under study is equipped with two phase closed thermosyphons which involves
two air passes across the evaporator and two water passes using a baffle at the condenser side. A heat
pipe-heat exchanger is usually divided in three parts: evaporator, adiabatic section and condenser,
which coincide with the parts of the heat pipe as can be seen in Figure 1. In the evaporator of the heat
exchanger under investigation, the hot air passes through the pipes, in the evaporator section, twice in
what is effectively called “two passes”, as can be seen in Figure 2. One of the advantages of having
two passes in the evaporator section is to balance the heat pipes’ working temperatures as the hot air
will go through the first half of the evaporator and then cover the second half but by contacting the
later rows first. This will lead to more balanced working temperatures inside the thermosyphons
throughout the heat exchanger. In addition, and for the same hot air mass flow rate, forcing the hot air
to flow through two passes will lead to higher convective heat transfer coefficient from the air to the

2



pipes when compared with the lower velocity hot air if it passes through the pipes in one pass. The
same enhancement in the heat transfer coefficient is achieved in the water side by using a baffle to
allow the water to flow around the condenser ends of the thermosyphons faster (see Figure 3); hence
higher convective heat transfer coefficient from the condenser to the water flow [13]. In order to
determine the heat transfer coefficient on the shell sides, there are widely accepted correlations
derived from empirical studies, as noted by Incropera & DeWitt [14]. The flow in the condenser
section makes contact with the pipes linearly and according to the numbering of the pipes, as seen in
Figure 3.
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Figure 2 — Schematic representation of the heat pipe heat exchanger thermocouple locations (each red dot represents a K-
type thermocouple) and dimensions (all in mm).
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Figure 3 — Top down view of a cross section of the condenser section. The pipes numbered are the pipes with thermocouples
on their surface.

Danielewicz et al. [15] have conducted an investigation of an air-to-air heat exchanger and produced a
correlation which allowed the prediction of multiple variables related to heat exchanger performance
based on the inlet conditions. A similar principle was used in this investigation; the experimental
results were compared and validated through Computational Fluid Dynamics. Jouhara and Merchant
[16] have also conducted an experimental study of a gas-to-air heat pipe-based heat exchanger of
similar design, demonstrating the effect of different flow rates on the effectiveness of the heat
exchanger.

In this paper, an air to water thermosyphon-based heat exchanger is investigated where both the hot
and cold streams are flowing through two-shell passes across the evaporator and condenser sections of
the thermosyphons bundle. In addition, an experimentally-validated numerical modelling to simulate
the heat transfer process through the considered system is also reported.

2. Test facility design

The design of the test unit under study (shown in Figure 4) was based on a real heat exchanger unit
currently in use albeit at a smaller scale. The system was equipped with six thermosyphons arranged
vertically in two rows of three pipes each. Prior to filling and sealing the thermosyphons, the six
carbon steel thermosyphons went through a vigorous internal surface modification to enable the
compatibility of carbon steel with water as the working fluid. The process that was done on the pipe
internal wall is referred to as passivation and is well described by Reay et al [17] where the oxidation
the inside surface of the pipe was achieved with superheated steam vapour during the charging
process. The passivation process prevents the chemical interaction between the carbon steel wall and
the water that undergoes continuous boiling/condensation cycles during operation and ensure
prolonged operating life of the carbon steel thermosyphon [17]. The experimental rig was divided in
two circuits: the heat source consisted of a closed air circuit located in the lower part of the heat
exchanger whereas the heat sink was an open-ended water circuit located at the top of the heat
exchanger, as can be seen in Figure 5.



Figure 4 — Actual test rig used for testing.
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Figure 5 — Schematic drawing of the Heat Exchanger: WT-Water Tank, WP-Water Pump, FM-Flow Meter, TCI-
Thermocouple Condenser Inlet, TCO-Thermocouple Condenser Outlet, AP-Air Pump, H-Heater, TEI-Thermocouple
Evaporator Inlet, TEO-Thermocouple Evaporator Outlet, HE-Heat Exchanger, A-Adiabatic, C-Condenser, E-Evaporator.

The mass flow rate of the air circuit was controlled by a centrifugal fan, which forced the air through
a heater and into the heat exchanger. The heater’s power was controlled by a feedback system
receiving data from a thermocouple placed at the inlet of the first evaporator section. The hot air then
travelled through both evaporator sections and was then led back into the fan, closing the cycle.



The cold water circuit was kept at a constant flow rate and temperature, controlled by a constant water
head on the water tank and the temperature by a small cooler located within the tank.

K-type thermocouples were placed at the inlet and outlet of each air pass and water pass to measure
the temperature of the fluid. A total of 22 thermocouples were placed in specific locations within the
evaporator, adiabatic and condenser sections (see Figure 2). The thermocouples were connected to a
data-logging device to gather information of the flow temperature behaviour within the heat
exchanger unit.

There was a thermocouple installed at the inlet and outlet of each section, four in the evaporator
section as two were needed for each “pass”. In addition, there were two thermocouples on the surface
of each pipe at the evaporator section, one in the adiabatic section and one in the condenser section.

3. Test piece design

When characterising heat pipes and consequently heat pipe heat exchangers, it is customary to divide
them into three separate sections: evaporator, adiabatic section and condenser. The evaporator section
comprises the hot air circuit where heat is added to the system, the condenser section includes the
water circuit and serves as the heat sink, and the adiabatic section is simply the insulated area in the
middle of both where, theoretically, no heat transfer takes place.

The unit under investigation was equipped with six thermosyphons arranged vertically. The heat pipes
were made of carbon steel and each measured 2 m with a diameter of 28 mm. The average wall
thickness of the pipes was 2.5 mm giving them an average inner diameter of 23 mm. The heat pipes
were chemically treated from inside to prevent corrosion from the working fluid and then filled with
distilled water to half the volume of the evaporator section.

The evaporator part of the heat exchanger was divided into two sections each spanning 0.6 m of the
pipe’s length. As the hot air entered the heat exchanger, it flowed over the lower 0.6 m of the pipes.
Then it was led through two 90 degree bends to come back in between 0.6 m and 1.2 m of the bottom
of the heat exchanger, making contact with the surface of the pipes in that location. Taking into
account the pipes were filled to 50% of the total evaporator length, the double hot air pass allows the
investigation of the heat transfer performance on the pool boiling and on the film condensate at the
inner walls of the heat pipe. Each “pass” measured 0.6 m, the first physically displayed under the
second, as can be seen in Figure 2.

The condenser section was located on the top of the heat exchanger, occupying exactly 0.2 m and
sweeping the 6 heat pipes one by one.

It was observed that the temperature measured at the adiabatic section of the heat pipe coincided with
the value for the saturation temperature of the working fluid. The thermocouples located on the outer
surface of the adiabatic section of selected heat pipes allowed the reading of the saturation
temperature of that particular heat pipe. They were placed at exactly 1.5 m from the bottom of the unit
(Figure 2).

4. Operational procedure

The performance of the test rig was monitored for an average of one hour of steady state per
combination of mass flow rate and temperature. Only two parameters were varied during the
experiment: the inlet air temperature and the mass flow rate. In the evaporator side, the air inlet
temperature was controlled by the heater and varied between 100°C and 250°C at 50°C increments
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while the mass flow rate was controlled by the fan frequency which varied between 0.05 kg/s and 0.14
kag/s at 0.03 kg/s increments.

In the condenser side, the water inlet temperature and flow rate were kept constant throughout the
experiments. The water was kept at an average temperature of 14°C and the mass flow rate was kept
at an average of 0.08 kg/s.

5. CFD Boundary Conditions

ANSYS Fluent was used to develop a numerical model to simulate the external heat flow over the
pipes on both the air side (evaporator) and the water side (condenser). The model was developed in
order to assess the efficiency of simulating the pipes as solid rods of constant conductivity for future
heat exchanger modelling. For the model, the standard k-epsilon (k- &) turbulence model was used for
all the tested results. The pressure-based coupled solver is the recommended choice as it offers a
better result for a single-phase fluid flow, and is more consistent and efficient at steady-state [18].

The characteristics of the fluids in question (water and air) were based on standard tables of material
properties [18]. The heat pipes were modelled as solid rods of conductivity k, a value derived from
equations adapted from literature and described in detail in the next section. The inlet and outlet
conditions for the heat exchanger can be seen in Table 1; boundary conditions of type “mass flow
inlet” were used for both flows, with the outflow being in the opposite direction. For the air, the
assumption was valid as it consisted of a closed circuit, so the air was being pulled out of the
evaporator section at the outlet. Water is incompressible at normal atmospheric conditions and since
the condenser had been completely purged of air, the flow at the outlet was safely assumed to be the
same at the inlet, thus justifying the assumption. All the walls of the heat exchanger were considered
to be adiabatic as they were well insulated in the experimental rig.

The CFD was run multiple times for each range of inlet conditions used in the experimental test.

Table 1 — Boundary Conditions.

Type Mass flow rate (kg/s) Temperature (°C)
Evaporator Inlet Mass Flow Inlet | 0.05to 0.14 at 0.03 intervals | 100 to 300 at 50 intervals
Evaporator Outlet Outflow - Desired Output
Condenser Inlet Mass Flow Inlet constant 0.08 Varied between 13 and 14
Condenser Outlet Outflow - Desired Output

6. Governing Equations

The conductivity of the heat pipe k, as mentioned before, was derived from equations found in the
literature; more specifically, from the resistance to heat transfer offered by the heat pipes within the
heat exchanger (K/W). This total resistance to heat transfer may be represented by [19]:

AT
Rr = Q_LtM 1




ATy, represents the logarithmic mean temperature difference and Qr the heat transfer rate (W).
Equation (2) clearly shows that the total thermal resistance is an inverse to the total rate of heat
transfer in a heat exchanger, represented below:

QT = UArAT y (2)

U represents the overall heat transfer coefficient (W/m?K), Ay the total heat surface area and AT, ,, the
Logarithmic Mean Temperature Difference.

In order to break down the total thermal resistance (Ry) into all its constituent parts, an analogy to an
electrical resistance ought to be done. The total resistance for a single heat pipe is a sum of the
resistances for each mode of heat transfer:

-1
th = (Rk’e_'_thﬁlmb + Rk,e+R1}l,poolb) + th,inner + Rh,condensation + Rk,c (3)
The subscript h represents convection, k conduction, b boiling, e evaporator and ¢ condenser.
Nucleate film boiling and pool boiling take place in parallel while the other modes of heat transfer
take place in series. The method to determine the internal resistances of the thermosyphon is made
available by the Engineering Sciences Data Unit (ESDU) [20]. Considering that all the pipes in this
particular configuration are 6 resistances in parallel, the total resistance will be:

L =i+i+i+i+i+i (4)
Renp R1 Rz Rz Ry Rs Rg

Assuming all the heat pipes have the same thermal resistance (Ryyp), the total thermal resistance
offered by the six heat pipes can be determined from:

R
Ronp = —22 (5)
and the total thermal resistance of the heat exchanger becomes:
Ry = Rehp + Rh,e + Rc,e (6)

Moving back to equation 3, in order to find the different values of resistance to complete the equation,
the heat pipe is divided in at least 3 parts; the evaporator section, the condenser section and the
adiabatic section. The evaporator section is further divided into a lower half and an upper half.

Inside the heat pipe, there are at least three different heat transfer mechanisms at work: pool boiling,
nucleate film boiling and film condensation; pool boiling takes place in the first pass of the heat
exchanger, film boiling on the second and film condensation on the condenser section. There are
expressions available in the literature for each of these heat transfer mechanisms and some of them
were adapted in order to better suit this application.

Looking at the evaporator section, the first heat transfer mode from the fluid to the pipe is made
through convection and given by the general equation below, displaying the following resistances to
heat transfer:

_ 1
" heAe

1

Qn = hAAT Rpe hodg (7

and Rp.=



where h refers to the heat transfer coefficient (W/m?K) between the fluid and the solid surface, which
in our case is air-carbon steel and water-carbon steel. The subscript h refers to convection heat
transfer. A is the surface area or exposure (m?) and AT the difference in temperature between the two.

Moving with the flow of heat the next barrier is the pipe wall, and heat is transferred by conduction, to
which the general equation is the following:

s 2mKIAT . R, — In(rout—7in)
Qr = —_— " = ——
In(rout—Tin) 27kl

(8)

where k is the thermal conductivity, L is the length of the pipe subjected to the two different flows,
Tour — Tin rEpresent the tube thickness and AT is the difference in temperature between the inside and
the outside of the pipe. This equation will be applied to the two evaporator sections and the condenser
section. It is mainly affected by the area of exposure and the conductivity of the material.

The next heat transfer process is boiling, in which the heat travels from the pipe wall to the working
fluid. This process essentially consists of pool boiling, whose correlation is given by Rohsenow [21]:

. 1/m
q _ 9(pL—pv) CpAT}p —n/m
ST uX hsg X f X (hfgcsf) X Pr 9)

Css 1s a constant for boiling, which changes in accordance to different surface materials and fluids.

All thermophysical properties of the fluid are evaluated at the saturation temperature. m and n are
constants, m is generally 1/3, n is 1.0 for water and 1.7 for other fluids.

Looking at the second pass, there is also evaporation on the condensate flowing down to the
evaporator. The heat transfer coefficient for nucleate film boiling is the following [22]:

] - 0.7
1= 1155 x 1073 Nup® PrP*° K937 (qeln/ (prhegur)) X ATyk/l (10)

where K, is a dimensionless parameter inverse to surface tension, ,, the bubble length scale and [,
the film thickness scale. Each equation is applied for each different surface area and the heat transfer
to the top of the heat exchanger can be determined, assuming there are no heat losses at the adiabatic
section as the fluid travels up and down the pipe. After getting to the top section, where the walls are
cooler the fluid will condense, giving its latent energy to the wall. For this heat transfer, the laminar
condensation from Nusselt is used [23]:

3 _ 1/4
hy, = 0.943 X ("L P L(’; : - lV)g hfg) (11)

McAdams [24] suggests that experimental values are often 20% larger than theoretical values, and we
can also assume that p; > p,, which simplifies our equation into:

3,2 1/4
P = 1.13 x (2L 2210 (12)

7. Heat Exchanger Effectiveness Model

A numerical effectiveness model was developed based on the data gathered in order to predict the
effectiveness of the heat exchanger. The effectiveness is the ratio of the actual heat transfer rate to the



maximum theoretical heat transfer rate and it is determined from the following expression after the
outlet conditions are known [25]:

— Qactual — Cw(Tc,o_Tc,i) — Cw(Tc,o_Tc,i) (13)
Qmax Cmin(Tmax_Tmin) Cmin(Th,i_Tc,i)

&

where Q represents the heat transfer rate, C,, refers to the heat capacity rate for water (subscript w)
and C,,;,, represents the minimum heat capacity rate between the water side and the air side. T, refers
to the condenser side and T;, to the evaporator side.

The effectiveness determined through equation (12) can then be used to determine the heat transfer
rate of the heat exchanger through the following expression:

Q =& Qmax (14)

Going back to equation (12), the maximum heat extraction rate can be found by multiplying the
minimum heat capacity rate by the maximum difference in temperature, which in this case is the
difference between the inlet temperatures:

Qmax = Crin (Th,in - Tc,in) (15)

Through manipulation of the above equation, the outlet temperatures can be predicted as follow:

Q

Th,out = Th,in - C_h (16)
Q

Tc,out = Tc,in + C_c (17)

8. Mesh selection

Three meshing levels were generated: coarse, medium and fine (see Table 2). In the case of
hexahedron or tetrahedron meshes, the maximum skewness should be lower than 0.7, while in
triangular elements, it must be less than 0.8 [18]. There was also inflation included around the pipes in
order to better simulate the heat transfer between the pipes and the other volumes (see Figure 6).

Table 2 — Mesh Dependency.

Level | No of Cells | Type of cells Skewness Time per iter.
Coarse 798,852 Hex + Tetra av: 28%, stdev: 20% 5-10s
Medium | 1,299,435 Hex + Tetra | av: 22%, stdev: 13% 7-15s

Fine 2,948,489 Hex + Tetra | av: 22%, stdev: 13% 30-50 s
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Figure 6 — Comparison between the three different meshes — Fine, Medium and Coarse, respectfully.

Two evaporator inlet conditions were considered for which the experimental results were compared to
the simulated results. The results provided by the medium mesh were the most acceptable in the end
taking into account the time taken until convergence is observed.

Table 3 — Mesh comparison (the percentage error is shown in brackets).

Inlet Conditions: Tout EXp. Tout Fine Mesh Ty Medium Mesh T, Coarse Mesh
Thin = 250 °C, ritnjn = 0.14 kg/s | 205.0°C | 214.4°C (+4.6%)  215.2 °C (+5.0%) 225.4 °C (+9.9%)
Tein=14.8°C, rit;n = 0.08 kg/s | 33.1°C | 30.6 °C (-7.6%) 30.4 °C (-8.1%) 27.8 °C (-16.0%)

Toin = 150 °C, ritgjn = 0.08 kg/s | 124.9°C | 124.0°C (-0.7%)  123.9 °C (-0.9%) 117.8 °C (-5.6%)

Toin=14.8°C, rii;n =0.08kgls | 21.9°C | 22.6°C (+3.1%)  22.8 °C (+4.1%) 24.8 °C (+13.5%)

The comparison between the meshes is laid out in Table 3 for two different inlet conditions. The first
three rows represent the air inlet conditions at 250 °C and 0.14 kg/s, and the last three rows represent
the air inlet conditions at 150 °C and 0.08 kg/s, the water inlet conditions are the same for both
(14.8°C and 0.08 kg/s). The first column shows part of the inlet boundary conditions, the second
column displays the outlet temperatures of the experimental test and the next three columns show the
predicted CFD results for each different element sizing method.

The medium mesh was selected as the best alternative for all the CFD simulations due to the fact that
the results were not much improved by refining the mesh. Regardless of this fact, it can be observed
that all the flows appeared to extract more heat than in the experimental test. This is to be expected,
taking into account the walls of the pipes in the adiabatic section of the CFD simulation were 100%
adiabatic (Q = 0) whereas in real life there are always some differences in temperature even with the
best possible insulation as was the case.

9. Results and discussion

A plot of the temperatures versus the mass flow rates was created to ensure the results were
consistent. Figure 7, 8, 9 and 10 show the temperature of the flow at the inlets and outlets of the
evaporator and condenser sections of the heat exchanger. It can be observed that the duty of the heat
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exchanger increases at higher mass flow rates and higher temperatures, shown by the greater
difference in temperature in the water side at higher temperatures and mass flow rates.

At lower flow rates, the pipe is given more time to absorb the heat and that is reflected in an increase
of the temperature difference across the evaporator, but as has been mentioned before, this does not
reflect an increase in the duty or total heat transfer rate, shown in Figure 11.
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Figure 7 — Temperature distribution along the heat exchanger for 250 °C inlet temperature.
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Figure 8 — Temperature distribution along the heat exchanger for 200 °C inlet temperature.
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Figure 9 — Temperature distribution along the heat exchanger for 150 °C inlet temperature.
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Figure 10 — Temperature distribution along the heat exchanger for 100 °C inlet temperature.
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Figure 11 — Heat Transfer Rate of the Heat Exchanger according to the inlet conditions.

Figure 12 to Figure 15 compare the working temperature of the heat pipes for each inlet condition.
The working temperature increases with the increase in mass flow rate and inlet temperature at the
evaporator section, as expected. However, there is a difference in temperature between each
individual pipe. The pipes were numbered in accordance to the diagram in Figure 5.
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Figure 12 — Working temperature of each pipe for different inlet temperatures (mm = 0.05 kg/s).
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Figure 13 — Working temperature of each pipe for different inlet temperatures (rm = 0.08 kg/s).
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Figure 14 — Working temperature of each pipe for different inlet temperatures (m = 0.11 kg/s).
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Figure 15 — Working temperature of each pipe for different inlet temperatures (mm = 0.14 kg/s).

It can be observed that the heat pipe with the highest average working temperature is pipe 4; it is
located on the row of pipes that first make contact with the hot flow at the first pass and it is the heat
pipe furthest away from the condenser inlet. After pipe 4, all the pipes follow in the inverse order to
the condenser section, therefore 3 has the next highest average temperature, followed by 2 and 1, the
closest to the condenser inlet. Pipes 1 and 2 are located on the first row of the second pass in the
evaporator section.
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With the increase in mass flow rate, the temperatures become more similar to one another but it can
still be observed that the average working temperature of pipes 3 and 4 is higher at lower air inlet
temperatures. This is due to a combination of factors. Firstly, as can be observed in Figure 5 and has
been mentioned before, pipes 3 and 4 are on the first row that comes into contact with the evaporator
inlet. Secondly, they are also located the farthest away to the condenser inlet, receiving warmer water

at the condenser side, which results in a lower difference in temperature between the bottom and the
top of the heat pipe.
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Figure 16 — Heat transfer rate for different flow rates at 100°C air inlet temperature
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Figure 17 — Heat transfer rate for different flow rates at 150°C air inlet temperature
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Figure 18 — Heat transfer rate for different flow rates at 200°C air inlet temperature
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Figure 19 — Heat transfer rate for different flow rates at 250°C air inlet temperature

Figures 16, 17, 18 and 19 show the heat transfer rate (Q) across each air pass of the heat exchanger
unit for each different inlet condition. “Total” represents the total heat transfer rate taking into account
both air passes. The trend is for the temperature difference across the first pass to be larger than the
second pass due to a higher difference in temperature between the incoming flow and the working
temperature of the pipes, therefore higher heat transfer. Increasing the inlet air temperature results in a
higher temperature difference across each pass and therefore an increase in the heat transfer rate.
Likewise, increasing the mass flow rate increases the overall turbulence, also having the effect of
increasing the overall heat transfer rate.

The effectiveness of the test unit (given by the variable € and in equation 12) was also determined
according to the different inlet conditions and is displayed in Figure 20. The graph shows a good
downward trend for different flow rates and temperatures except for 100°C. This is caused by a lack
of heat being absorbed by the pipe, causing irregularities in the boiling regime which results in poor
performance. At lower mass flow rates the effectiveness is higher as the pipe has more time to absorb
the heat in the flow.
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Figure 20 — Relation between the effectiveness of the heat exchanger and the incoming evaporator side conditions.

Figure 20 also illustrates how the effectiveness increases with the increase in the air inlet temperature.
Increasing the air inlet temperature results in an increase in the temperature change in the cold side
and therefore an increase in the effectiveness of the exchanger. The maximum effectiveness achieved
was 28.24% at 0.05 kg/s, 250°C which means that higher temperatures result in higher effectiveness
but higher mass flow rates result in lower effectiveness.
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Figure 21 — Comparison between experimental and CFD results for the temperature at the outlet of the evaporator.
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Figure 22 — Comparison between experimental and CFD results for the temperature at the outlet of the condenser.

Figure 21 and 22 show a direct comparison between the results of the experiment and the CFD for
both the evaporator section and the condenser section, respectively. It is observed that the CFD
simulation under-predicts the performance of the heat pipes at higher mass flow rates but over-
predicts it at lower mass flow rates. This could possibly be improved by a minor update on the
equation governing the conductivity of the pipe, especially in the boiling region.
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Figure 23 — Percentage difference between the experimental and the CFD results for the evaporator section for different inlet
conditions.

17



15%

%Tc 0.14 1
= 10% %Tc 0.11 [{
= 1\‘ —a—%Tc 0.08 ]
S N\ — —e— %Tc 0.05 |
o 5% (] . ]
£ \l\‘\ib\“

E 00 B\ b
8 '
(<)
S 5%
£ \
 -10%

-15% . . . . .

50 100 150 200 250 300 350

Air inlet Temperature (°C)
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A more direct comparison between the experimental and CFD simulation results is presented in
Figure 23 and 24 . All the predictions fall into a 10% envelope, the most accurate ones being the test
done at more average conditions. The evaporator side shows an upward trend, where the governing
equation for the heat pipe’s conductivity over predicts the conductivity at lower air inlet temperatures,
but as the inlet temperature increases, it starts under-predicting it. The condenser section has a similar
behaviour, but inverted. Overall, there is a very good agreement between the CFD, the empirical
correlations and the experimental data (10%).
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Figure 25 — Comparison of the total heat transfer rate value for the CFD results, the empirical correlations and the
experimental data.

Figure 25 represents a direct comparison between the total heat transfer rate (Q) obtained for the
experimental rig during testing (through Q = mc,AT) and the corresponding total heat transfer rate
predicted by both the CFD simulation and equations found in literature for the same inlet conditions.
Looking at the figure, the CFD software seems to over-estimate the performance of the heat
exchanger at lower heat transfer rates (given by at lower inlet mass flow rate and temperatures) and
under-estimating as the inlet conditions improve, as can be seen from the blue trend line created by
the rhombuses. This pattern is in agreement with Figure 18 and 19. Overall there is good agreement
between the experimental results and the CFD.

The prediction provided by the empirical correlations is very conservative, as is shown by the trend
line formed by the red squares; it under-estimates the performance of the heat exchanger at all times.
This may be a result of the equations used for convection from the flow to the pipe, as the same inner
resistance for the pipes was used for both the CFD and the literature.
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Figure 27 — Temperature contour of the evaporator section in the first (y = 0.3 m) and second (y = 0.9 m) air pass at 250°C
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Figure 26 — Vector velocity plot of the evaporator section.
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Figure 26 illustrates a vector plot of the velocity inside the evaporator section of the heat exchanger
showing the higher velocity zones at the bends. Figure 27 illustrates the temperature contours of the

evaporator section in the first and second air passes. The air enters the heat exchanger at 250 °C from
the left of the first pass and then flows through a u-shaped bend (at 220 °C) that leads it to the second
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air-pass, represented on the right side of the figure, leaving the evaporator at 200 °C. The numbers
inside the pipes represent the temperatures of the solid rods at the specified height (in °C). As it can
be easily discerned, the solid rods are not isothermal throughout their length as a thermosyphon would
be; their temperature varies with the height due to the different fluid temperatures surrounding the
pipes. However, their average temperature closely matches the saturation temperature of the pipes.
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Figure 28 — Temperature contour of the condenser (y = 1.9 m) at 250°C and 0.14kg/s.

A temperature profile of the condenser is displayed in Figure 28. The water enters the condenser at a
temperature of 15 °C and reaches a temperature of approximately 35 °C at the condenser outlet. The
numbers in the pipes represent the temperature of the solid rods at that height. The temperatures keep
the consistency shown in Figure 27 where the pipe closer to the inlet of the condenser displays the
lower temperature.

10. Error Analysis

No physical quantity can be measured with certainty and measurements always contain errors. Errors
can propagate through an experimental procedure due to many factors mainly human error, equipment
usage and inaccurate experiment set-up. Effectiveness (&) was studied to investigate the error analysis.
The uncertainty analysis of the effectiveness was calculated using the following equations [26]:

So, = 0oy (222) + () a9
SATmax = \/(STh,i )2 + (STc,i)2 (19)
SATc = \/(STC,O)Z + (STc,i)Z (20)

Figure 29 shows how the percentage error of the effectiveness varies with the change in the inlet air
mass flow rate for different inlet temperatures. It is obvious from the graph that the propagated error
associated with the calculated effectiveness is inversely proportional to both mass flow rate and the
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inlet temperature. The greatest error came from the reading of the thermocouples at lower
temperatures, more specifically at 10Hz. Figure 29 shows an inversely proportional relationship
between the uncertainty for the effectiveness and temperature change, which explains why the
maximum uncertainties were achieved at low inlet temperature because the temperature change is
very small. For most engineering applications, a 10% error is often considered acceptable [26].
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Figure 29 — Uncertainty analysis for the effectiveness.
11. Conclusion

An experimental and analytical investigation of a heat pipe-based heat exchanger with two air-passes
was successfully carried out, its thermal performance analysed by a combination of several techniques
including effectiveness and heat transfer rate. The results were analysed using expressions from recent
literature and verified through modified correlations to ensure the heat balance had been achieved.
Inlet conditions used in the experiment such as mass flow rate, inlet temperature and thermal
conductivity have been converted into boundary conditions that were then used in the numerical
modelling of the heat exchanger. The following conclusions were drawn from the experimental and
numerical results:

- Higher heat transfer rate was achieved at higher inlet temperatures and mass flow rates;

- Effectiveness was found to be proportional to the air inlet temperature and inversely
proportional to the inlet air mass flow rate;

- A maximum effectiveness of 29% was achieved at the lowest air flow rate and maximum inlet
temperature;

- A higher heat transfer rate was achieved in the first pass than in the second pass, a fact
demonstrated both experimentally and numerically;

- Good agreement has been found between the experimental and numerical results for all the
outlet temperatures;

- An average temperature difference of 3% was observed between the experimental and
numerical results in the evaporator section and an average difference of 5% in the condenser
side.
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Nomenclature

A M) Heat transfer area

C (WIK) Heat capacity rate

C () Ratio of heat capacities
Cp (J/(kg.K))  Specific heat capacity

Cs () Coefficient of liquid/surface combination
h  (W/(m?.K) Heat transfer coefficient
hy  (J/kQ) Specific enthalpy of evaporation / latent heat of vaporisation
Ko (9 Dimensionless parameter
k  (W/(m.K)) Constant of thermal conductivity
I (m) Length

m (kgls) Mass flow rate

Nu (-) Nusselt number

Pr (9 Prandtl number

0 W) Heat transfer rate

g W) Local heat transfer rate

R (K/W) Thermal resistance
r(m) Radius of cylinder

Re () Reynolds number

T (°C) Temperature

T (°C) Average temperature

AT (°C) Difference in temperature
U (W/(m%K)) Overall heat transfer coefficient
e (9 Effectiveness

u  (Pas) Dynamic viscosity

p  (kg/m®) Density

o (N/m) Surface tension
Subscripts

b Boiling

c Condenser side

h Convection

e Evaporator side

hp Heat pipe / thermosyphon

i Inlet

k Conduction

L Liquid phase

LM Logarithmic mean

n Number of pipes

0 Outlet

r Rate

T Total

\Y Vapour phase

w Water

6hp For 6 heat pipes

Abbreviations

CFD  Computational Fluid Dynamics
k-g k-epsilon turbulence method
NTU  Number of Transfer Units

TPCT Two-phase closed thermosyphons
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