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Resumen

Las centrales termosolares normalmente utilizan sistemas de generacién de vapor
indirectos debido a las ventajas producidas por la utilizacion de un fluido
caloportador, que permite la instalacion de eficientes sistemas de almacenamiento
térmico. Sin embargo, los sistemas de generacién de vapor indirectos estan limitados
por la diferencia de temperaturas minima en el evaporador, que fija el caudal de
fluido caloportador, y por tanto tiene un gran impacto en el funcionamiento de la
planta. Como consecuencia, se obtiene un compromiso entre los costes de inversion
de los intercambiadores de calor y los costes de bombeo del fluido caloportador.

El estado actual de los mercados eléctricos promueve la necesidad de incrementar
la flexibilidad de las centrales termosolares. El sistema de generacién de vapor tiene
una gran influencia en la flexibilidad debido al estrés térmico en los componentes de
pared gruesa que limitan las rampas de arranque y cambio de carga. Ademas, la
operacion ciclica de las centrales termosolares pueden producir dafio a fatiga y por
tanto conducir a un fallo prematuro del material. Por esta razon, el analisis dinamico
del sistema de generacion de vapor es necesario para asegurar su vida atil.

Esta tesis doctoral esta basada en el disefio y analisis dinamico de sistemas de
generacion de vapor de centrales termosolares. En primer lugar se ha desarrollado un
metodologia para el disefio del sistema de generacion de vapor de centrales
termosolares de 50 MWe de cilindro parabolico, incluyendo también el disefio de los
intercambiadores sales-aceite. El disefio de los intercambiadores de calor se ha
realizado acorde con la normativa TEMA y el cédigo ASME. El analisis econémico se
ha realizado tomando la diferencia de temperatura minima en el evaporador y la
temperatura de salida del fluido caloportador como principales variables. De este
modo, se tienen en cuenta los costes de bombeo del fluido caloportador y los costes de
inversion de los intercambiadores de calor. Por otro lado, dos estrategias de disefio
son comparadas: minimizacion del area de transferencia de calor y minimizacién de
los costes anualizados. Obteniendo con la segunda opcién un considerable ahorro de
los costes de operacion. Ademas, se ha desarrollado un evaporador de recirculacion
especialmente disefiado para centrales termosolares de cilindro parabolico.

Por otro lado, también se ha desarrollado una metodologia para el disefio del
sistema de generacién de vapor de una central termosolar de tipo torre. Las
condiciones especiales de operacion con altas temperaturas y grandes calores de
intercambio hacen de esta tarea un problema atipico en el disefio de intercambiadores
de calor. Por esta razdn, se han tenido en cuenta consideraciones de transferencia de
calor y estrés térmico para la seleccion del tipo de intercambiador para

sobrecalentador, recalentador, evaporador y precalentador. El analisis econémico se
v



Resumen vi

ha realizado tomando como principal variable la diferencia de temperaturas minima
en el evaporador por su influencia en el funcionamiento global de la central. Dos
configuraciones del generador de vapor son estudiadas: con un tren y con dos trenes
en paralelo. Los resultados muestran que los valores éptimos se obtienen para
diferencias de temperaturas minimas en el evaporador muy bajas. Ademas, un
analisis econdmico preliminar se ha realizado para comparar los evaporadores con
circulacion forzado y natural.

El estudio dindmico comienza con el andlisis transitorio del sistema de generador
de la central termosolar de tipo torre. Para ello, son desarrollados diferentes modelos
dindmicos para los intercambiadores monofasicos, y para el conjunto evaporador y
calderin. Ademas, se han desarrollado modelos para el calculo de los campos
temperaturas y del estrés en partes criticas de intercambiadores de tubo y carcasa
como los ligamentos de placa de tubos y las uniones de la placa de tubos. Para el
estudio dinamico del arranque del generador de vapor son considerados dos
escenarios. El primero considera perfiles de temperatura no isotérmicos en los
intercambiadores al principio del arranque, mientras que el segundo considera
perfiles isotérmicos. Para ambos escenarios son calculadas las rampas de temperatura
del fluido caloportador y del evaporador para operar el generador de vapor por el
lado de la seguridad.

Ademas también se ha presentado el analisis dinamico del sistema de generacién
de vapor de una central termosolar de cilindro parabodlico. Para ello, se han
desarrollado modelos dindmicos para intercambiadores TEMA F y TEMA H. Los
estreses térmicos son calculados en zonas criticas como: la placa de tubos, uniones de
cabeza y tobera, las uniones tipo T del calderin y los tubos en U. Ademas, los modelos
de estrés son validados por medio de diferentes modelos en elementos finitos. El
analisis dindmico del arranque del sistema de generacion se ha realizado para rampas
de temperatura que no sobrepasan los limites de estrés impuestos por la integridad
estructural y la proteccién de la capa de magnetita. Finalmente, se ha realizado un
estudio comparando el comportamiento dindmico entre evaporador tipo kettle y de
recirculacion.

En dltimo lugar, se ha realizado el analisis a fatiga del sistema de generacién de
vapor de una central termosolar de cilindro parabdlico. El analisis a fatiga se ha
realizado conforme al cdédigo ASME para las operaciones de arranque, apagado y

cambio de carga del generador de vapor.



Abstract

Commercial concentrating solar power (CSP) plants normally use an indirect
steam generation system due to the advantages provided by use of the heat transfer
fluid (HTF), which allows the installation of cost-effective storage systems. However,
the pinch point temperature difference limitation imposed by the indirect steam
generator (SG) systems has a great influence on the overall plant performance because
it sets the mass flow rate of the HTF. As a consequence, a trade-off is obtained
between the investment cost of the heat exchangers and the operational pump cost of
the heat transfer fluid.

CSP plants need to increase their flexibility in order to be competitive in the
current electricity markets. The SG has a great influence on the flexibility of CSP
plants due to the thermal stresses on thick-walled components that limit the start-up
and load changes ramps. Furthermore, the cycling operating conditions of CSP plants
may cause fatigue damage. For this reason, the dynamic analysis of SG is mandatory
to assure its lifetime.

This PhD thesis consists of the design and dynamic analysis of SG for CSP plants.
A methodology for the design of the SG and oil-to-salt heat exchangers of a 50 MWe
parabolic trough power plant (PTPP) is presented. The heat exchanger design is made
following TEMA standards and ASME Pressure Vessel code. The economic analysis
of SG is made using as main variables the evaporator pinch point and the HTF outlet
temperature, in order to take into account the total operational HTF pump cost and
the investment cost of the SG heat exchangers. The heat exchanger design is made
using genetic algorithms to obtain feasible and optimized results. Two design
strategies are compared: the minimization of the total heat transfer area and the
minimization of the total annualized cost. The results show that the second approach
leads to substantial savings. A recirculation evaporator specially designed for PTPP is
modeled and compared with kettle design.

A methodology for heat exchanger design of a solar power tower plant (SPTP) is
also proposed. The special operating conditions with high fluid temperatures and the
high heat duty make this issue a non-typical heat exchanger design problem. For this
reason, heat transfer and thermal stress requirements are considered in the heat
exchanger selection of superheater, reheater, evaporator and preheater. The economic
analysis consists of the evaporator pinch point temperature difference optimization
taking into account its impact on the global plant performance. Two SG
configurations are studied: with one or two parallel trains of heat exchangers. The
results show extremely low optimum pinch point values. A preliminary economic

study is also made to compare forced and natural circulation evaporator designs.
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The section of the thesis corresponding to dynamic study deals about the off-
design analysis of the proposed design of SG for a SPTP. For that purpose, transient
models are developed to the single phase heat exchangers and the recirculation
evaporator with steam drum. Furthermore, different models are proposed to estimate
the transient temperature field and stresses on critical parts of shell-and-tube heat
exchangers such as: tubesheets ligaments and tubesheet junction. Two SG start-up
initial conditions are studied. The first considers non-isothermal temperature profiles
on the heat exchangers at the beginning of the start-up whereas the second considers
isothermal initial conditions. For both scenarios are proposed a start-up procedure
where the main allowable temperature fluid ramps to operate the SG on safety-side
are calculated.

The dynamic analysis of the SG proposed for a PTPP is also presented. The
dynamic response of the heat exchangers is estimated developing transient models for
TEMA F and TEMA H. The thermal stresses are calculated on the critical zones such
tubesheets, head-nozzle junctions, steam drum-downcomer junction and U-bend
regions. In addition, the analytical stress models are validated by means of different
finite element simulations. A SG start-up is performed using temperature ramps to
not overpass the ratcheting and magnetite protection stress limits. Lastly, a study is
made to compare the dynamic behavior between kettle and recirculation evaporators.

Finally, it is presented the fatigue analysis of the SG for a PTPP. The fatigue
analysis is performed following ASME Pressure Vessel code for the start-up,

shutdown and load change of the SG.
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1.1. Motivation

Climate change problems push to scientific community to sought renewable

energy sources. According to the International Energy Agency (IEA) [1], CO, levels

should reduce the current values by around 50% in 2050 to reach an acceptable level

1
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of emissions. In addition, the instabilities of the oil prices and the interest to reduce
the dependency on foreign power sources drive to the development of the local
energy sources.

Concentrating solar power (CSP) plants are a promising option to provide the
growing demand of energy while reducing CO, emissions. These plants convert the
solar energy in a high temperature heat source before its conversion to electricity,
allowing the possibility of integrate a cost-effective thermal energy store (TES) system
or even the hybridization with fossil fuels [2]. Nowadays, CSP plants such Gemasolar
with 15 full-load production hours of storage can operate 24 hours a day in summer
[3].

Typically, commercial CSP plants use an indirect steam generation system. This is
because direct steam generation systems present significant disadvantages such as:
problems in the plant operation with high variations due to clouds and the low cost-
efficiency of their storage system. The indirect steam generation systems have a great
impact in the plant performance due to the pinch point temperature difference limit,
which sets the mass flow rate of the heat transfer fluid. In this way, a compromise
between the investment cost of the heat exchangers and the operational pump cost of
heat transfer fluid is obtained.

The current electricity market push to CSP plants to further increase their
flexibility to enhance their competitiveness. The steam generator (SG) plays a key role
in terms of flexibility of the CSP plants, since the thermal stress on thick-walled
components limits the load changes ramps. To obtain realistic results in the study of
different plant operation strategies it is required the development of stress models to

estimate the lifetime reduction on the SG components.

1.2. Concentrating solar power plants

Commercial concentrating solar power plants were first built around 1980s in the
United States by means of the facilities Solar Electric Generating Station (SEGS) [4].
After 20 years, CSP plants have experimented a great growth in Spain and United
States mainly driven by government subsidies and technological improvements.
Nowadays, the power installed of the CSP plants in the world is around 4.8 GWe. The
most extended technology is the parabolic trough with around 85% of the total power
installed, followed by power tower with 10% and fresnel representing 4% [5].
According to the International Energy Agency, it is expected that the total power
generated by CSP plants installed in the world will be 1000 GW by 2050 [6].

Concentrating solar power is a technology where the solar energy is concentrated
by a collector and/or mirrors to provide a high temperature source to generate heat or

electricity. In case of CSP plant, normally a heat transfer fluid is heat-up to produce
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steam. Then, as it occurs in a conventional thermal power plant, the steam is used to
drive a steam turbine to generate electricity.
The CSP plants can be divided into four sub-systems: solar field, the storage

system, the steam generator and the power block.

1.2.1. Solar Field

The solar field is the zone where the solar radiation is concentrated to provide the
heat source. CSP plants can be divided into two main groups, depending on the Sun
radiation concentration: focal line or single focal point. Focal line technologies include
parabolic trough and linear Fresnel. Focal point technologies include solar tower and

parabolic dish. Figure 1.1 shows the main CSP technologies.
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Figure 1.1: CSP technologies [6].

Line focus technologies can concentrate the solar radiation until 100 times
obtaining a temperature operation range between 350-450 °C [5]. At this moderate
temperature level the thermal efficiency can be considered low. On the other hand,
point focus technologies can achieve a concentration factor around 1000 times and the
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temperature operation is ranged between 600°C-800°C [5]. At this temperature range
the thermal efficiency is high enough to help in the reduction of the cost per unit of

energy produced.

1.2.2. Thermal Energy Storage System

CSP plants can be integrated with large store thermal energy systems decoupling
the solar source to the electricity production. The thermal energy storage (TES)
system presents different advantages [2]:

e Increment of the system reliability: since the energy production can be
delivered in a smooth way and within stable limits, a potential reduction of the
risk of breakdowns is obtained.

e Increment of generation capacity: the excess of energy during low-demand
periods can be stored in order to be delivered during high-demand periods.
This increases the effective generation capacity leading to higher
competiveness.

e Reduction of cost of generation: although the initial investment cost increases,
the synergies obtained due to the increment of the annual energy production
and the potential reduction of the maintenance cost provides a lower cost per

unit of energy produced.

TES system presents clear advantages compared to other technologies such as
battery storage or pumped-storage hydropower, which always increase the cost per
unit of energy produced [5]. However, the grade of the potential benefits of TES
systems is dependent on the plants layout, the storage temperature, the size and the

desired operating strategy.

1.2.3. Steam generator

The SG transfers the thermal energy captured in the solar field by means of solar
collectors or central receivers to produce high and low pressure steams. The SG is
mainly formed by four different heat exchangers: superheater, reheater, evaporator
and preheater. These heat exchangers are normally mounted separate due to the
different technical requirements of each heat exchanger. However, other designs
include preheater, evaporator and superheater in the same pressure vessel [7].

The function of the evaporator consists of providing heat to generate steam from
hot water. The evaporator is main part of SG in terms of size and cost. In the case of

recirculation evaporator-type, a closed circulating loop is formed by the steam drum,
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the downcomers, the evaporator and the risers. From the steam drum, the saturated
water is circulated in downcomer to enter at the evaporator. Then, the water-steam
mixture formed in the evaporator is sent to the steam drum by the risers. In the case
of kettle evaporator-type, the flow circulation loop occurs only in the shell. In the
evaporator design, one of the most important technical constraint is the critical heat
flux [8]. This phenomenon has associated flow instabilities that lead to thermal cyclic
variations on tube walls driving deposit-corrosion and fatigue damage. A special
attention must be paid for horizontal flow since the critical heat flux point has
significant decrease due to the potential flow stratification [9].

The function of the preheater consists of heating-up the SG feed-water until
achieve the saturation conditions. One of the most important issues in the design and
operation of preheater is the phenomenon known as steaming. The steaming occurs
when subcooled flow nucleate boiling is generated [10]. This effect has associated
tube vibrations that may lead to failure if it is not considered in the design.

The superheater heats-up the saturated steam from the steam drum until the high
pressure turbine inlet conditions. The high temperature and pressure conditions make
necessary a high thickness in the head in order to maintain the stresses in allowable
ranges. Thus, superheater head is a critical part during SG start-up due to the thermal
stresses induced by the high thicknesses.

The reheater provides the heat to reach the steam inlet temperature of the low
pressure turbine. Although the working temperatures are normally similar to the
superheater, the metal wall thickness is lower due to the low pressure of the steam.
Moreover, in the reheater is necessary more heat transfer area than in the superheater
due to the low heat transfer coefficient on the steam side. For this reason, a heat
exchanger with high thermal efficiency should be required to reduce the heat transfer
area.

The steam drum function is to separate the water from steam. The lower part is
full of water that comes from preheater. The upper part is filled with steam where its
output is regulated by the main valve placed in the top. The critical design constraint
of the steam drum is the steam velocity, which should be low enough to assure that
the water droplets are not dragged when the steam flows through the chevron dryers
[11]. Several boiler types show that the steam drum - downcomer junction is the most
limiting point during the SG start-up from the stress point of view [12].

The SG also includes the supporting structure, water circulation pumps,

attemperator systems, etc.
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1.2.4. Power Block

The power block includes the steam turbine, the feed-water heater system and the
condenser. The steam turbine is normally composed by the high and low pressure
sections. The feed-water system, formed by low- and high- pressure closed-feed-
water-heaters, use the extractions from steam turbine to enhance the plant efficiency.
Furthermore, a deaerator is also included in the feed-water system to remove
undesired non-condensing gases [13]. Depending on the availability of cooling water,
the condenser in CSP plant is cooled with either wet or dry cooling towers. Wet-

cooled plants are slightly more efficient than dry ones [14].

1.3. SG Design for commercial CSP plants

Steam generators on CSP plants can be classified in direct o indirect systems. The
direct steam generator systems are those where the steam is generated directly using
solar radiation.

The main advantages of direct steam generator (DSG) systems are the high
working temperatures and the investment cost reduction because of the use of heat
transfer fluids and heat exchangers are not necessary [6]. On the other hand, the DSG
systems present several problems during the start-up and operation caused by the
heat variations such as clouds. The storage system consists of using pressure vessels
where the steam is accumulated. However, a storage system to assure a stable
operation is not feasible yet due to the high investment cost [4]. This is mainly due to
the low volumetric energy density provided by the steam accumulators. At
commercial level mainly two technologies have been probed for DSG systems:
receiver systems like PS10 [2]; and linear Fresnel like Puerto Errado 1[15].

The indirect steam generator systems have the limitation of the pinch point
temperature difference, which sets the mass flow rate of the heat transfer fluid. As a
result, a trade-off between the investment cost of the heat exchangers and the
operational pump cost of the heat transfer fluid side is obtained.

The most common SG design used in commercial PTPPs in Spain has the capacity
to provide steam enough to produce 50 MWe [16]. The SG consists of an indirect
steam generator system using thermal oil as heat transfer fluid. The thermal oil enters
to the SG at 393 °C, since higher temperatures lead to thermal oil degradation [17].
The thermal oil outlet temperature is 300 °C. The outlet temperature of the high and
low pressure is around 377 °C and the respective pressures are 10.5 MPa and 2 MPa.
The steam flow rate produced is around 60 kg/s. The steam generator is typically
arranged in two parallel lines in order to avoid the plant stop in case of steam

generator failure.
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The largest commercial SPTP based on an indirect steam generation system
consists of 110 MWe plant using molten-salt as heat transfer fluid [4]. The molten salt
inlet temperature is 565 °C whereas the outlet temperature is around 290 °C. The
outlet temperature of high and low pressure is around 540 °C and the respective

pressures are 12.5 MPa and 3 MPa. The steam flow rate produced is around 86 kg/s.

1.4. The importance of the flexibility of CSP plants

The unregulated electricity markets combined with the high growth of the
renewable energy sources change the operation of the electricity grid. The
unpredictable generation of renewable energies such as wind or photovoltaic leads to
unbalancing grid problems. The new market scenario has encouraged to increase the
competitiveness of conventional power plants improving its dispatchability [18].

The most important feature of CSP plants is the ability to adapt the production to
the electricity market demand. The similarities of CSP plants with conventional plants
(steam turbine with synchronous generator, large production capacity) provide a
competitive advantage to participate in grid balancing services [19]. This means an
increment of the revenues, and thus, an increment of its competitiveness.

However, to be considered as dispatchable, a sufficient flexibility level by means
of faster load changes ramps is required [4]. Furthermore, faster start-ups are
especially important for CSP plants because lead to higher annual energy production
[20]. Nevertheless, the change of the operating conditions produces high thermal
stresses on thick-wall components as SG, which also cause fatigue damage. As a
result, a good management of the plant requires the study of the compromise
between the potential increment of revenues due to dispatchability services and the
analysis of the lifetime reduction of the SG components or even the cost due to fatigue

failure.

1.5. Heat exchanger design

The SG of commercial solar power plants with indirect steam generation system is
based on conventional shell-and-tube heat exchangers [21,22]. The heat exchanger
design is a complex process that involves several disciplines such as: thermal and
hydraulic design, mechanical design and lifetime estimation, cost estimation and
optimization. As a consequence, a rigorous methodology should be followed in order
to accomplish the heat exchanger design with successful results. A schematic of the
main steps of the design process proposed by Shah and Skulic [23] is shown in Figure
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1.2. As it can be seen, the heat exchanger design is a thorough method where an

iterative process is required.

1.5.1. Process and design specifications

The process specification is a critical step where experience can play a key role to
obtain successful results. In this step are considered the operational data at design
and off-design conditions, the environment, fluid types, fouling tendency,
corrosion/erosion, etc. Due to that, background knowledge is built and, together with
the main constraints, helps in the search of similar process on the available literature.
Based on this analysis, the selection of heat exchanger type and its main components
(tube type, shell type, head type, baffle type, etc) is made passing to the calculation

process.

1.5.2. Thermal and hydraulic design

The objective of the thermal and hydraulic design consists of the estimation of the
pressure drop and the total heat transferred in order to size the heat exchanger. The
thermal design procedure basically consists of satisfying the enthalpy rate equation (

Qj = Tfl].Ahj) and the heat transfer rate equation (Q=U AAT, ) [23]. Normally,

these calculations are made considering constant properties in the whole heat
exchanger allowing the use of the well-known method: log-mean temperature
difference [24]. However, for fluids with high variations of its properties, such as two-
phase flows, discretized calculations must be used to obtain accurate results. Another
important step is the calculation of the overall heat transfer coefficient, U , where it is
considered the convective coefficients of the tube and shell side, tube conduction -
and fouling resistances. The pressure drop has a great impact in the operating costs.
In addition, shell and tube side pressured drop should be considered to calculate
other parts such nozzles, headers, manifolds, etc.

The convective coefficient and pressure drop on shell side are typically calculated
using methods Delaware or Kern [25]. In contrast, one of the most utilized
commercial software for heat exchanger design (Heat Transfer Research inc. (HTRI)

software) is based on the principles of the Stream Analysis method [8].
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Figure 1.2: Schematic of the main steps of the heat exchanger design process
(Adapted from [23]).
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1.5.3. Mechanical Design

The aim of the mechanical design is to ensure the integrity of the heat exchanger
under design and off-design operating conditions. It should be taken into account that
some aspects of the mechanical design affect thermal and hydraulic calculations,
therefore the design calculations must be made by an iterative process. The heat
exchanger is formed by several elements such as: shell, tubes, tubesheet, head, nozzle,
baffle, etc and for each one it is necessary to assure the mechanical/structural
integrity. Furthermore, in heat exchangers mechanical and thermal loads are
combined, together with complex geometries (especially tubesheet) making
sometimes necessary the use of finite element analysis.

Heat exchangers are typically designed following international recognized codes
and standards. One of the most important is TEMA standards [26], which provides
design guidelines and technical constraints such as: shell types, front head types, rear
head types, outside tube diameters, maximum and minimum baffle spacing,
clearances, baffle thickness, maximum tube length, fouling factors, tubesheet
thickness and others. Most of them are especially useful to set the preliminary
mechanical design aspects in order to carry out the thermal and hydraulic design
calculations. In addition, the fulfillment of technical constraints is crucial to obtain a
good thermal and hydraulic design.

ASME Boiler and Pressure Vessel code [27] presents design guidelines for several
aspect of heat exchanger design. On a first step, the thicknesses of the main parts of
the heat exchangers such as: tube, shell, head, nozzle and tubesheet are calculated
using ASME Section II and VIII divl. Moreover, additional design guidelines are also
presented: material selection and properties, head-tubesheet-shell junction, etc. Once
the thicknesses are known, a second step is made where all the heat exchanger
components must satisfy the protection against plastic collapse limit considering
bending plus membrane stresses (Figure 1.3). The equivalent stresses are calculated
considering only mechanical load under design conditions. Most of these stresses can
be calculated by analytical methods proposed in ASME code, although some complex
loadings or geometries are not considered in ASME code and they must be
accomplished by complex analytical methods or finite element analysis [28].

The lifetime estimation of the heat exchangers for standard industrial applications
with relatively low temperatures (<427 °C ) is made following ASME Section VIII
div2. Here two assessments should be considered for the protection against cycling
operation: ratcheting and fatigue. The equivalent stresses are calculated considering
operating load cycles. For ratcheting assessment, it is considered membrane stresses,
bending and secondary stresses for (Figure 1.3). In case of fatigue assessment the peak

stress must be included (Figure 1.3).
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Figure 1.3: Stress categories and limits of equivalent stress [27].

The lifetime estimation for heat exchanger operating at high temperatures (>427
C) is made following ASME Section III Div 1 Subsection NH: Rules for Construction of
Nuclear Facility Components. When the pressure vessel is operated at high temperature
the creep damage should be considered [29]. The fatigue damage is related to the
magnitude of the stress cyclic variations and the number of cycles to failure is
computed as a function of the equivalent strain range. The creep damage is function
of the stress level and the temperature [30]. The total damage is calculated by linear
summation method using Palmgren-Miner equation [31], which combines fatigue and
creep.

Another important factor of the mechanical design is the failure due to vibrations.
The high flow velocities lead to high heat transfer coefficients, obtaining in this way
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lower surface areas. If the flow velocity overpasses the critical value, it can produce
vibration instabilities, which may cause the material erosion or even fatigue failure

due to damage in tubes, baffles supports and tube-to-tubesheet joints.

1.5.4. Cost estimation

An economic analysis is required to obtain feasible heat exchanger designs with
standard criteria. Therefore, the economic analysis requires the use of cost estimation
models. The cost involved in the heat exchanger design can be classified as: capital,
installation, operating and maintenance. The capital cost includes the costs associated
with design, materials and manufacturing. The capital cost estimation are usually
made by using models of economies of scale or cost versus capacity charts [32]. The
operating cost includes the costs associated with fluid pumping power, insurance,
maintenance, repair, cleaning, lost production/downtime due to failure and energy

cost associated with the utility (steam, fuel, water) [23].

1.5.5. Optimization

In a heat exchanger design a high number of variables and constraints are
involved. Traditional methods based on trial-and-error calculations may lead to large
computational costs in terms of time and low probability to obtain successful results.
Therefore, an optimization algorithm is strongly recommended to reduce the
computational cost and increase the probability to find the best design. Several
optimization techniques have been employed in heat exchanger design: genetic
algorithms [33], particle swarm optimization [34], harmony search algorithms [35]
and others. Furthermore, the use of suitable objective and constraints functions is also

important to obtain successful results.

1.6. Objectives of the thesis

As stated above, the SG has a critical relevance on the plant performance. To
optimize the SG operation, it is necessary to develop models that can estimate the
stresses and lifetime of the SG components. The main objectives of the PhD thesis are

summarized below:

e Design and optimization of the heat exchangers of PTPP using thermal oil as

heat transfer fluid.
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e Design and optimization of the heat exchangers of the SG of SPTP using

molten salt as heat transfer fluid.

e Development of stress and dynamic models of the main parts of the molten-
salt SG of SPTP to study its dynamic performance. This allows the study of the
daily start-up strategies of the molten-salt SG.

e Development of stress and dynamic models of the main parts of the thermal
0il SG of PTPP to study its dynamic performance. This allows the study of the
daily start-up of the thermal oil SG.

o TFatigue assessment of the start-up, shutdown and load change operations of
the SG following ASME code.

1.7. Structure of this thesis

This PhD thesis is organized in six chapters. Chapters 2 to 5 have been written as

independent articles that include abstract, introduction, notation and bibliography.

In Chapter 2, the optimization of the performance for the SG of a PTPP and the
heat exchanger design is presented. Also, a recirculation evaporator design is
proposed to improve the dynamic performance of the SG. Lastly, the optimization of
the molten-salt thermal storage system is performed considering the oil-to-salt heat

exchangers cost.

In Chapter 3, a methodology to optimize of the performance of the SG of a SPTP
considering the pinch point of the SG as the main variable is presented. Two SG
designs are proposed: the first consists of one train, and the other consists of two
trains. A comparative study between natural circulation and forced circulation

evaporator designs is also presented.

In Chapter 4, different dynamic and stress models of the main parts of the molten-
salt SG of a SPTP is presented. A SG daily start-up stress analysis is carried out based
on the SG design proposed in Chapter 3. Two start-up initial conditions are analyzed,
obtaining the main input variables to operate the steam generator within the

allowable stress limits.
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In Chapter 5, the stress analysis of the SG start-up of a PTPP based on the SG
design proposed in Chapter 2 is presented. Different dynamic and stress models of
the main parts of the SG are developed. A finite element analysis is developed to
validate the stress models. Lastly, a comparison study between the dynamic behavior

between kettle and recirculation evaporator is performed.

In Chapter 6, the fatigue analysis of the SG of a PTPP based on the SG design and
stress analysis performed in Chapter 2 and Chapter 5, respectively is presented. Two
operations of the start-up of the SG are studied: the evaporator temperature ramp and
the heat transfer fluid inlet temperature ramp. Furthermore, the fatigue analysis of the
load change operation of SG is also performed.

Finally, Chapter 7 summarizes conclusions of the thesis.
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2.1. Abstract

This Chapter addresses two important concerns of the design of steam generators
of parabolic trough power plants: cost minimization and component reliability. A

thorough economic analysis of the heat exchangers of the steam generator and oil-to-
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salt heat exchangers of a 50 MWe parabolic trough power plant is presented. The heat
exchanger design is performed following TEMA standards and it is optimized using a
genetic algorithm. Two design strategies are compared: the minimization of the total
heat transfer area and the minimization of the total annualized cost. It is seen that the
second approach provides substantial savings over the lifetime of the plant.

The economic analysis reveals a global optimum with an outlet temperature of the
heat transfer fluid of 293 °C and an evaporator pinch point of 4.85 °C. The best design
of the steam generator consists of a TEMA-H shell superheater and preheater and a
TEMA-F shell reheater. The best design of the oil-to-salt heat exchangers includes six
TEMA-F shell heat exchangers in series, with a log mean temperature difference of
7°C and the molten salt on the shell-side. Lastly, a TEMA-X recirculation evaporator is
proposed with a considerably reduced wall thickness when compared to a kettle

evaporator.

2.2. Introduction

Many efforts have been made to increase the economic competitiveness of CSP
plants by improving the thermal storage system or optimizing the steam generator
(SG) design [1-3]. In this Chapter, we are focused on the heat exchanger design of a
parabolic trough power plant.

The design of a heat exchanger used in energy systems is performed in two steps:
a) heat transfer and pressure drop calculation and b) cost analysis and optimization.
Heat transfer and pressure drop calculations can be found in several published works
in literature. The majority of these publications use the Bell-Delaware method for
shell side calculations [4-6]. In contrast, one of the most utilized commercial software
for heat exchanger design (Heat Transfer Research Inc. (HTRI) software) is based on
the principles of the Stream Analysis method [7]. Simplified economic analyses of
heat exchangers are published in numerous studies [8-10]. Purohit [11] proposed a
thorough method to estimate the purchase cost of heat exchangers based on the
Tubular Exchanger Manufacturers Association (TEMA) standards. Cost minimization
of heat exchangers involves the selection of different geometric parameters (e.g., shell
and tube diameters, tube layout and pitch, the number of tubes, baffle spacing)
subject to different design constraints. To minimize the cost, optimization methods
such as genetic algorithms (GA), particle swarm optimization and others can be used.
Wildi-Tremblay and Gosselin [12] used a GA to minimize the total annual investment
and operational cost of a shell and tube heat exchanger. They showed that the GA
found the optimal design of eleven design variables 23 times faster than the time
required to evaluate all possible combinations. Ponce et al. [13] developed a penalty

function to quantify the violation level of heat exchanger design constraints,
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improving the performance of the GA. Fettaka et al. [14] performed a multi-objective
optimization using a fast and elitist non-dominated sorting genetic algorithm (NSGA-
IT) to minimize the area and total pressure drop of heat exchangers. They also studied
the impact on the optimal design when selected geometric parameters are used either
in a discrete or continuous form.

Until today, several studies that estimate the size of SG and oil-to-salt heat
exchangers of parabolic trough power plants have been published. For example, Kelly
[15] analyzed the impact of the capacity of a CSP plant on the energy cost and
presented the layout, surface areas and cost of the SG heat exchangers of a 250 MWe
CSP plant. Kelly and Kearney [16] optimized an indirect molten salt thermal energy
storage (TES) and performed a preliminary SG sizing. They presented a SG design
based on counter-current heat exchangers and estimated the corresponding surface
areas and pressure drops. The TES optimization was performed through the sizing of
the oil-to-salt heat exchanger, because it affects the total size of the TES system, as
well as the performance of the turbine. Cost calculations were performed for the
different parts of the storage system, including the oil-to-salt heat exchanger.
Herrmann et al. [17] proposed a conventional shell-and-tube design as an economical
solution for oil-to-salt heat exchangers. They calculated different heat exchanger sizes
for various storage capacities taking into account the heat duty required during
charging and discharging. Zaversky et al. [18] proposed an oil-to-salt heat exchanger
design with two tube passes and two shell passes and studied its transient response.
Although, some heat exchanger design calculations are available, information about
velocities, pressure drops and costs is missing. It is thus seen overall that detailed heat
exchanger design calculations of SG and oil-to-salt heat exchangers are still not
available in literature. The present Chapter aims to address this issue.

This Chapter presents the design and the economic analysis of the SG and oil-to-
salt heat exchangers of a 50 MWe parabolic trough solar power plant. The results
presented are based on the Stream Analysis method using Wills and Johnston version
[7]. The economic analysis follows the methodology proposed by Purohit [11]. For the
SG, different evaporator pinch points and heat transfer fluid (HTF) outlet
temperatures are studied, bearing in mind the total operational cost. An alternative
recirculation evaporator is modeled and compared with a kettle evaporator.
Furthermore, the impact of different oil-to-salt heat exchanger approach temperatures
on the performance of the power block is analyzed under TES discharging conditions.
The analysis is carried out taking into account the total TES cost and the associated
cost power block efficiency penalty. The proposed designs of the SG and oil-to-salt
heat exchangers follow TEMA standards. Lastly, a GA, following the model
developed by Ponce et al. [13], is used to find the optimal heat exchanger design.
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2.3. Methodology

2.3.1. Calculation of heat transfer and pressure drops

The Stream Analysis method was chosen for the shell-side calculations in the
single-phase heat exchangers. A qualitative analysis of the Stream Analysis method is
presented by Palen and Taborek [19]. Since the values of many empirical parameters
and correlations are confidential in the HTRI software, simplified correlations
developed by Wills and Johnston [7] were used here to calculate the shell-side flow
distribution.

In the Stream Analysis method, the shell side flow is divided into six different
sub-streams: the tube-to-baffle leakage (A), the cross flow (B), the bundle-to-shell
bypass (C), the shell-to-baffle leakage (E) and the tube-pass-partition bypass (F). The

pressure drop of each stream in one baffle can be expressed as:

K (m /S)

/ j=4,B,C,E,F @2.1)
2p9,

with, 77'1/, S ; and K the mass flow rate, flow area and resistance coefficient for each

j stream, respectively, and ¢, the viscosity correction factor equal to (#/ 4, )" . The

system of equations can be solved by means of an iterative process. The system
converges when achieving the same pressure drop on the meeting points in an ideal
baffle hydraulic network. The different streams have different temperature profiles
along the heat exchanger. Thus, it is necessary to correct both the log mean
temperature difference (LMTD) and the correction factor for LMTD (F'), with a
temperature profile distortion factor (& ). In this way, the mean temperature

difference is:

AT, = 5 F LMTD 2.2)

The distortion temperature profile effect can be quantified using an empirical
correlation [19]. In this Chapter, all designs have been performed with recommended
shell-to-baffle clearances and turbulent flow regime. Under these conditions, § can
be considered to be close to 1.

The heat transfer coefficient on the shell side can be estimated with an empirical

correlation function of the Reynolds number based on cross flow stream [20].
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The total pressure drop on the shell side can be expressed in terms of the pressure

drop in the cross-flow zone, windows zone and the nozzles:

AP =AP, (N, +D)+AP, (N,)+ AP, it

AL o (2.3)

The tube side heat transfer coefficient is determined using the Gnielinski
correlation [7], while the Darcy friction factor for pressure drop is calculated using the
Colebrook correlation [7].

The shell-side heat transfer coefficient in the kettle evaporator (Equation 2.4 ) was
estimated considering the nucleate boiling heat transfer coefficient ( h,,b,l ) for a single

tube and corrected with the bundle geometry factor ( F,) and the natural convective

coefficient (4_) [21].

h,=h,, £ +h, (24)

For the shell side heat transfer coefficient in a recirculation evaporator, in addition
to nucleate boiling and natural convective, it is necessary take into account the forced
convection due to high circulation flow rates. The forced convection heat transfer

coefficient for a two-phase fluid is determined as follows:
e =M F, (2.4)

where, 7, is the liquid-phase heat transfer coefficient and 1*; is the two phase factor.

The model proposed by Swanson and Palen [22] for the shell side boiling heat transfer
coefficient in shell and tube heat exchangers considers the three previously mentioned

mechanisms. Thus, the shell side coefficient becomes:
h =ah, +h_+h, (2.5)

where, @ is the nucleate boiling suppression factor, 0<a <1.

The driving pressure (Equation 2.6) is produced by the density difference between
the two-phase mixture in the riser (r) and downcomer (dc) tubes. An important factor
when designing natural circulation boilers is the height of the downcomer and the

riser because it affects the available driving pressure.

AR =gp H, ~gp H +pH) (2.6)
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The frictional and momentum (fm) pressure drop is calculated as the pressure
drop in the circulation loop of the downcomer, heat exchangers (hx), riser and nozzles
(Equation 2.7).

AR, =AL +AR +AR+AL @27

Because the calculation procedure couples fluid dynamics with heat transfer, it is
necessary to solve the problem by means of an iterative process. First, the evaporator
heat transfer area is estimated based only on the nucleate boiling because at this point
the circulation rate is unknown and the nucleate boiling is not a function of the mass
flow. The evaporator geometric layout can be estimated afterwards. Second, a trial
circulation rate is selected to solve the fluid dynamics equation system (Equations 2.6
and 2.7). This step is solved when all frictional pressure drops equals the available
driving pressure. At this point, the new evaporator heat transfer area and layout is
calculated taking into account the convective boiling produced by the circulation rate
estimated in the last iteration. The process is repeated until the pressure drop and the

heat transfer convergence is achieved.

2.3.2. Economic analysis

The design feasibility of the heat exchangers is evaluated with an economic
analysis. In this Chapter, the total annualized cost (TAC) was used as the objective

function of the optimization process [4,13,23]. The expression for total annual cost is:

TACZﬁ ¢ CZupital +C:yxzmtion (28)
C:upital = Chx +Cpunp (29)
H, (m AP m AP
weraion = Cpover + (2.10)
oy N Py Py

where, frc is the annuity factor, C,, and C  are the investment costs of the heat

panp

exchangers and pumps, respectively, and CW,-M

is the cost of the power that drives
the pumps. To calculate this cost the annual operating hours ( 1 ,) must be known.

When the operating hours are not known, a reasonable approximation is made

multiplying 8760 with the solar plant capacity factor ( CF'). The solar capacity factor is
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defined as the ratio between the net energy produced in one year and the energy that
could have been produced at full-load conditions [24].
According to Hall et al. [8], the investment cost of a heat exchanger can be

estimated using Equation 2.11. ¢, ¢, and c¢; are the cost law coefficients and A is
the surface area of the heat exchanger. This model reflects economies of a scale
typically found in chemical process plants.

C.=c+c 4" (2.11)
A more detailed method proposed by Purohit [11] was used here to calculate the

investment cost of heat exchangers. This method is relatively complex because it takes

into account many input parameters:

CE

’Vinpuu
c = index | p.| 14 e |- AN 2.12
hx CE [ [ Z i J s ] ( )

index ,ref i=1

where, CE,

index

is the Chemical Engineering Plant Cost Index, ¢, is a correction factor
for input i (e.g., tube/shell material, pressure work, etc.), N, is the number of shells

and b is the base cost. The base cost can be expressed as:

b % pfr (2.13)

l—e 27

where, D, is the internal diameter of the shell, p is the cost multiplier of the tube
outside diameter, pitch and layout angle, f is the cost multiplier of the TEMA front
head type and r is the cost multiplier of the TEMA rear head type.

The cost of the steam drum of the recirculation evaporator can be estimated as a
function of the drum metal mass [9].

It should be mentioned that an economic evaluation based on TAC does not take
into account all of the costs that may influence the optimum design. For example,
each outlet temperature of the power block results in a different thermal oil mass flow
in the solar field, and consequently to different pressure drops and pump
consumptions. In order to take into account all of the former mentioned costs using

standard criteria, the calculation of the levelized cost of energy (LCOE) is required.
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f cr Cmmz + Com + C/uﬂl
E

net

LCOE = (2.14)

where, C,

invest

is the total investment cost of the plant, C, the annual operational and

om
maintenance costs and Cuel is the cost of the annual use of fuel. These costs have

been estimated using data provided by Montes et al. [25]. Since in this Chapter, the
considered CSP plant does not include a fossil fuel back-up system, the annual fuel

costs are zero. The annual net electric energy produced, E, ,, was calculated

net

subtracting the annual parasitic losses:

E E

et~ gross _E.:'tart,SG - punp,SF - punp,SG

(2.15)

where E, ; is the annual start-up energy consumption required to warm-up

the metal mass of the heat exchangers and FE r and E ¢ are the annual

pump.S pump.S
pump consumptions of the solar field and the SG, respectively.

The investment cost of the TES system was estimated using literature data [3,16].
The cost of the hot and cold tanks, the quantity of the molten nitrate salt and the
balance of the storage system were extrapolated as functions of the storage equivalent
hours to full load capacity hours. The cost of the nitrate salt pumps was calculated
according to the correlation proposed by Kelly and Kearney [16]. The investment cost

of the oil-to-salt heat exchanger was estimated using the Purohit method.

2.3.3. Genetic algorithm

The large number of variables and constraints involved in the design of the heat
exchangers of the SG cannot be handled by a traditional trial-and-error design
method. To obtain improved designs, optimization tools must be used. Commonly
used optimization methods for shell and tube heat exchangers are genetic algorithms
(GA). The procedure consists of generating an initial population from random
variables. Then, crossover and chromosome mutation factors are used to generate a
new generation, evaluated by the objective function. This process is repeated until the
GA achieves specified criteria.

The fitness function includes the TAC and the penalty function and it is expressed
as:

fitness(x) = TAC(X) + penalty(x) (2.16)

where, x is the vector of design variables used to minimize the fitness function. The

penalty function, defined to provide an efficient performance is expressed as [13]:



Heat exchanger design for PTPPs 25

0 if Xis feasible
enalty(x) = &
P () Z pe, yf(x) otherwise (2.17)

i=1

where, p; is a penalty coefficient that varies with each generation and y,

corresponds to the level of constraint violation. The heat exchanger design variables

are shown in Table 2.1.

Table 2.1: Design variables.

Variable Single-phase heat exchanger Evaporator

X1 Shell diameter Shell diameter
X2 Tube diameter Tube diameter
X3 Tube layout (triangular, square

Tube layout (triangular, square or rotated square
or rotated square) yout ( e b quare)

X4 Tube pitch Tube pitch

X5 Number of shells Number of shells

X6 TEMA shell (E, F or H) Recirculation ratio (for Kettle=0)
X7 Shell side velocity Tube side velocity

X8 Tube side velocity -

X9 Baffle cut -

The optimization parameters of the GA were the following: population size of 100
individuals with an elite count of three individuals, crossover fraction of 0.7 and
mutation rate of 0.1. Two stopping criteria were used: the stall generation limit (when
no further improvements are observed), which was set to 20; and the maximum

number of generations, which was set to 300.

2.4. Initial design of the parabolic trough plant

In this Chapter, a parabolic trough power plant with 7.5 storage hours and a solar
multiple of 2 is assumed. A schematic of the parabolic trough CSP plant is shown in
Figure 2.1. The plant can be divided into four subsystems: the solar field, the SG, the
power block and the TES system. The solar field is composed of parabolic collector
sets in parallel loops that concentrate the solar irradiation for heating the thermal oil
as heat transfer fluid. Normally, the thermal oil works at temperatures below 400 °C
in order to prevent fluid degradation. Here, the thermal oil is heated in the solar field
to a temperature of 393 °C (Tsrout). The SG includes the generation train: superheater
(SH), evaporator (EV) and preheater (PH) connected in parallel with the reheat train
(reheater, RH). Thermal oil flows through the SG to supply the thermal energy to
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increase the temperature from the exit water of the last feedwater heater to the high-
pressure turbine inlet steam. The power block of the plant is based on a regenerative
Rankine cycle with single reheat and extractions to the feedwater heaters. The
working fluid of the cycle is water, the live steam pressure and temperature are 106
bar and 377 °C (Turn) and the reheat steam temperature is 378 °C (Tiriv). The gross
power output of the turbine is 55 MWe and the nominal efficiency of the power block
is 37.5%. The excess of thermal energy produced in the solar field is sent to the
thermal energy storage (TES) unit of the facility. The TES system consists of two
molten salt tanks (one cold and one hot), where the hot and cold molten salt is stored
in the hot and cold tanks, respectively. Thermal energy is transferred from the
thermal oil to the molten salt (charging) and the opposite (discharging) in the oil-to-

salt heat exchanger.

Solar Field Storage System Steam Generalor Power Block
TSI' our Tr: 1 TLI-'.IN
Tieum
LT HB
o HT
OiHto- _ :
| Salt Hx
Tsem

Figure 2.1: Schematic of the parabolic trough solar power plant.

The System Advisor Model (SAM) [26] was used to estimate the annual gross
energy £ and the power pump consumption of the solar field £, .. . The annual

goss

start-up energy was estimated as:

E.'\tun,SG = VVI’« q7w (Nhat A];a( + I\]wldA]:)Id ) ’71’5 (2' 1 8)

where, W, 1is the weight of the heat exchangers, Cp, is the specific heat capacity,

n,, is the efficiency of the power block and N,, and N_,, are the number of the
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annual hot and cold start-ups, respectively. A start-up is considered hot when the
metal temperature (measured in the turbine unit before the start-up) is at 80 percent
the nominal temperature. In cold start-ups, the metal temperature falls below 60
percent of the nominal temperature. According to Guédez et al. [27], the number of
start-ups for a standard parabolic trough plant is 365 per year. Approximately 70
percent of those are hot starts. In this Chapter, it is considered the same cooling
evolution for the SG heat exchangers as that considered by Guédez et al. [27].

Nominal values of the Rankine cycle are shown in Table 2.2. Thermodynamic
properties of the water and steam streams are calculated based on analytical formulas
for absolute and derivative values [28]. Thermal oil properties are selected based on
data presented in Ref. [26].

Table 2.2: Nominal values of the 55 MWe (gross) steam power cycle.

Turbine point Pressure (bar) (T. sat, °C) Temperature (°C) Mass Flow (kg/s) Steam condition
HP inlet 106 377 61.91 One phase
Extraction 1 41.33 (252.30) 260.4 6.78 One phase
HP exhaust 20.73 214.2 55.13 Two phase
Extraction 2 20.73 214.2 3.814 Two phase
Condensate Separator o - 1.718 =

LP inlet 183 378 49.69 One phase
Extraction 3 10.5 (182.01) 310.6 3.114 One phase
Extraction 4 4(143.61) 202.4 3.09 Two phase
Extraction 5 1.3 107.1 2.096 Two phase
Extraction 6 0.536 83 2.636 Two phase
LP exhaust 0.078 41.03 39.39 Two phase

2.5. Mechanical design and TEMA standards

TEMA standards provide guidelines for shell and tube heat exchanger
components, such as: shell type, front head type, rear head type, outside tube
diameters, maximum and minimum baffle spacing, clearances, baffle thickness,
maximum tube length, fouling factors, tubesheet thickness and others [29]. In this
Chapter, the mechanical design was carried out for selected elements of the heat
exchangers. Shell and tube thicknesses were calculated according to the ASME code
(section VIII and II, respectively) and compared to the minimum thicknesses
recommended by TEMA. Baffle thicknesses, tube sheet thicknesses and clearances
(shell-baffle, tube-baffle and bundle-shell) were calculated according to TEMA. In
addition, the material selected for the shell and plates was ASTM A516 Grade 70
carbon steel. For the tubes ASTM A192 carbon steel was selected [30].
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Conventional shell and tube heat exchangers were selected for the oil-to-salt and
SG heat exchangers. Different TEMA shell types were modeled in order to enhance
the performance of the heat exchanger. TEMA-E type is the most common and
economical shell type used in chemical industries. However, this shell type does not
always satisfy specific process requirements. In order to improve the thermal
effectiveness, a TEMA-F shell type with two tube passes is usually preferred. In this
type, a longitudinal baffle divides the flow path, making it a counter-current heat
exchanger and avoiding in this way temperature crossings. When a low-pressure
drop is required in the shell side, different TEMA shell types may be proposed. For
example, TEMA-H and G shell types reduce the pressure drop drastically when
compared to F shells. However, G shells are not recommended when larger tube
lengths are required [31].

Figure 2.2 illustrates the TEMA shell types developed in this Chapter for single-
phase heat exchangers. To estimate the heat transfer and pressure drop in the TEMA-
F and H shell types, the geometries have been adapted reducing all stream flow areas
by half, compared to the TEMA-E shell [32]. Furthermore, it is assumed that the flow
leakage and conduction across the longitudinal baffle are minimized in both cases.

This assumption can be made by limiting the maximum shell side pressure drop [33].

g =
F ;
= =

H shell type
=
- )
=
F shell type
=
F :
=
E shell type

Figure 2.2: TEMA shell types developed for single-phase heat exchangers.

In numerous studies of CSP plants, a kettle evaporator is selected for the SG
[15,16,34]. Other references propose a recirculation evaporator as a better option
[35,36]. Here, both a recirculation and kettle-type evaporators have been modeled and
compared.

A kettle evaporator consists of a horizontal TEMA-K shell with tube bundle
(Figure 2.3). The boiling takes place on the shell side and the vapor is separated from
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the liquid above the tube bundle. The main advantage of the kettle type is that it is
composed of a single unit and thus associated with lower cost, when compared to
other types. However, the larger diameter leads to a thicker shell and consequently, to
worse performance under thermal stress. In addition, the low velocity on the shell

side makes the kettle susceptible to fouling.

Saturated
steam
‘ ity
Thermal oil =
outlet
1
[F}
= = =
T 1 4
Thermal oil Feed Blowdown

inlet water

Figure 2.3: Kettle type evaporator.

Recirculation evaporators, also called thermosiphon reboilers, usually have
TEMA-G, H or X shells [21]. The latter provides lower investment costs and pressure
drops. The boiling occurs outside the tubes on the shell side fed with the two-phase
fluid from the steam drum. The density difference between the downcomer and the
riser induces a high natural circulation ratio (around 10 times that of the steam
exiting). This leads to a higher shell side heat transfer coefficient and a small surface
area when compared to the kettle type. Moreover, high circulation tends to decrease
the potential fouling. The main advantage of a recirculation evaporator is its smaller
shell diameter, compared to other designs. The smaller diameter reduces the shell and
tubesheet wall thicknesses and improves the thermal stress behavior. The main
disadvantage of this type of evaporator is the higher cost compared to the kettle type.

Figure 2.4 illustrates a schematic of a TEMA-X shell recirculation evaporator.
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Figure 2.4: TEMA-X shell recirculation evaporator.

A U-tube bundle was selected mainly because it can expand or contract in
response to stress differentials. In addition, the tube bundle can be removed, allowing
the easy cleaning of the outer side of the tubes [37]. The U-tube bundle is mounted
with a fixed tubesheet on the front end and a welded shell cover on the U-bend end
[38].

In order to improve the reliability of the heat exchanger a channel integral with
tubesheet TEMA-C and -N heads was selected [38]. Both head types have the channel
welded to the tubesheet, while the TEMA-N head has the channel welded to the shell
as well. The principal advantages of the TEMA-N head are the relatively low cost and
the minimum leakage of the shell-side fluid since there are no flanged joints. Thus, it
may be used with hazardous or high-pressure fluids on the shell side. The TEMA-C
head allows mechanical cleaning because the shell is removable and it is thus chosen
with dirty fluid flows on the shell side. In the case of high pressure on the tube side
(up to 100 bar), the TEMA-D head is selected [39].

2.6. Cost-based design optimization

To allow the optimization algorithm to obtain feasible designs, selected
constraints based on TEMA standards and recommended good practice are used. The

general heat exchanger constraints are:
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o  The shell side velocity is limited between 0.2 m/s and 1.5 m/s [40].

e The minimum tube side velocity is set to 0.5 m/s in order to reduce the fouling
resistance, while the maximum is set to 4 m/s to avoid excessive erosion [40].
The maximum steam velocities are set according to the steam velocity diagram
of the operational pressure, tube diameter and process type presented by Merritt
[41].

e  The maximum pressure drop on the thermal oil side of the heat exchangers is set
to 1.4 bar [16]. In order to prevent thermal leakage, the maximum shell-side

pressure drop in H and F shells is set to 0.5 bar [33].

e  The maximum pressure drop on the water side of the heat exchangers is set to 1
bar.

e  The maximum straight tube length is set to 24 meters [16]. The length for the U-
tube heat exchanger is around half the straight tube length because the tubes are
bent in the shape of a U.

e The minimum baffle spacing is limited for good flow distribution and is set to

the highest value between D /5 and 50 mm. The maximum baffle spacing is

limited for two reasons: for proper flow distribution and to prevent sagging and

possible tube vibrations.

e The tube length to shell diameter ratio is limited between 8 and 12. Generally
longer tubes with smaller diameter and thickness in shell and tubesheet are
preferred [42].

e  The baffle cut limits are set as a function of the baffle spacing to shell diameter
ratio [42].

e The allowed shell-tube diameter combinations are set based on recommended
practice [42]. Moreover, the minimum outside tube diameter is limited to be
bigger than 14 mm, since diameters smaller than that cannot be cleaned

mechanically [40].

e Square and rotated square tube layout is preferred for thermal oil on the shell

side, because a triangle layout does not allow mechanical cleaning [40].
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e In order to avoid undesirable temperature crosses [38], F . is set to 0.8 in

TEMA-E shells and 0.95 in TEMA-H shell designs.

¢ The maximum shell side nozzle momentum is limited to 2250 kg/(s>m). With
large mass flows, an impingement plate is added to increase the momentum to

4500 kg/(s>m) in an effort to decrease the diameter of the nozzle.
The design constraints applied specifically to evaporators and two-phase flows are:

e  The maximum heat flux for tube bundle is limited in order to avoid film boiling
[21].

e The critical flow (when the flow reaches the velocity of the propagation of
pressure waves [43]) in water-steam mixtures is estimated using Equation 2.19
[44]:

G< = \/2 Re/ -c 1).m/ (Tre/ ):I P rer (219)

where, G, is the critical mass flux, P,(,, , 7,:/ and 0, are the pressure,
temperature and liquid density in upstream stagnation (i.e., steam drum),

respectively, and C} is a choking correction factor.

e As suggested for high-pressure boilers (> 40 bar) [45], the circulation ratio is
limited between 8 and 15.

e  The maximum shell side nozzle momentum for the two-phase flow is limited to

1500 kg/(s*>m), in order to prevent unstable operation [42].
e  The kettle and drum diameters are chosen in order to not exceed the maximum

vapor velocity that allows gravitational settling of entrained liquid droplets. The

vapor load is calculated as [21]:

j | (2.20)

VL =0.064 p, (
P =Py
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The required dome segment area (Equation 2.21) is expressed as a function of
the steam mass flow (71,) and the length of the horizontal drum o kettle (L, ).
Then, for a given percentage of water level ( Leve/ ) the minimum drum or kettle

diameter is given by Equation 2.22.

m
Sa=—— @.21)

d

] 854
D = 2 Level 2 Level 222
2cos™ [ eve —1] —sin| 2cos™ ( eve —lj (2.22)
100 100

¢ A minimum number of exit nozzles is set for improving the longitudinal flow

distribution along a drum or a kettle [21].

2.6.1. Optimizing the design of the SG

The configuration of the SG is shown in Figure 2.5 .The design process of the SG

requires the definition of the optimal evaporator pinch point ( pp,, ) and thermal oil

outlet temperature (I, ). Different pp,, can be obtained varying the mass flow led

to the reheater train. As seen in Figure 2.6, higher pp,, leads to higher temperature
differences in the generation train (superheater, evaporator and preheater).
Consequently, the surface area of the heat exchangers decreases, reducing the
associated investment cost. On the contrary, smaller temperature differences obtained
in the reheat train, lead to larger heat transfer areas and higher costs. As a result, a
trade-off between the costs of the generation train and the reheater is obtained (Figure
2.7 a). The optimal pp,, is achieved when the total cost of the generation and reheat
trains is minimized.

Since the heat duty of the SG is proportional to the thermal oil flow rate and the

difference between the inlet and outlet temperatures (T  and, T  respectively), if T |
is kept constant, the thermal oil flow rate increases with increasing T, . On the one
hand, higher T, increases the power requirement of the pumps and, thus, the
operational cost of the SG and the solar field. On the other hand, lower, T, leads to

lower temperature differences in the SG and greater heat transfer area and higher
cost. In this way, a trade-off between the operational and investment costs is obtained
(see Figure 2.7 b).
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Figure 2.6: SG temperatures versus heat duty.
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Figure 2.7: SG design optimization: a) evaporator pinch point and b) thermal oil
outlet temperature.

The thermal oil mass flow rate is calculated in order to supply the required heat

exchanger duties at different T (T, , is kept constant at 393 °C). T, ; is varied from

289 to 300 °C. In all cases, the different reheater mass flows bypassed should not

result in pinch points lower than 1 °C and 3 °C in the evaporator ( pp,, ) and reheater
( PPy ), respectively. Then, the optimization of the SG heat exchangers was carried

out individually for all combinations of pp;, andT . Moreover, two optimization
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strategies were compared: the TAC minimization and the heat transfer area
minimization.

The results of the analysis for the SG are shown Figure 2.8. It can be seen that the
LCOE has a higher rate of increase for higher values of pp,, , due to the higher costs
of the reheat train. A moderate rate of increase is obtained for lower values of pp,,, .
The blank region in Figure 2.8 corresponds to reheater pinch points lower than the

minimum (infeasible cases). The optimum design corresponds to T , equal to 293 °C

and pp,, equal to 4.85°C.
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Figure 2.8: Economic analysis of the SG.

Based on common practice in commercial parabolic trough plants [46,47], the SG
design is optimized to include two parallel trains, each with a preheater, an
evaporator, a superheater and a reheater. Initially, an SG design with one train was
carried out. Although this design had lower investment cost, it led to higher wall
thicknesses in the heat exchangers. Since only one train is used in this design, the
complete SG system must be warmed up. This results in an increased metal mass to
be heated-up and may also increase the start-up time considerably. Moreover, this
design has smaller heat transfer efficiency when working at part load conditions,
compared to the SG design with two parallel trains. These features may decrease the
annual energy production and plant operability.

The final design characteristics of the optimized SG heat exchangers are presented
in Table 2.3. In the superheater, the reheater and the preheater, the thermal oil is
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placed on the shell side and the steam or the high-pressure water on the tube side. In
the evaporator, the thermal oil is placed on the tube side and the steam/water mixture
on the shell side. The heat exchangers are designed with large length to diameter
ratios and small wall thicknesses that can sustain the pressure. Specifically, the design
of the recirculation evaporator, made with three units (two TEMA-X shell heat
exchangers and one steam drum), leads to a meaningful reduction in the shell
diameter, i.e., smaller shell and tubesheet thicknesses, in comparison to a kettle. Since
solar plants are subject to daily start-ups, stops and load changes, the reduction of
wall thicknesses means lower thermal stress and fatigue damage. Moreover, smaller
wall thicknesses allow high temperature gradients and smaller start-up time. The
latter is very important for CSP plants because it leads to reduced start-up costs and
increases the efficiency [48]. Furthermore, smaller wall thicknesses involve a
considerable reduction in metal mass and save energy during the warm-up process.
When TAC minimization strategy is used, the algorithm solution tends to lower
velocities on the thermal oil side in order to decrease the operational cost from the
pressure drop in the SG. Some studies found in literature assumed high-pressure
drops on the thermal oil side, minimizing, in this way, the heat exchanger area. A
second optimization of the SG was carried out using as strategy the minimization of
the heat exchanger area. It is found that the TAC minimization strategy results in

savings of around 3.5 M€ throughout the plant lifetime.

2.6.2. Optimizing the design of the oil-to-salt heat

exchanger

The operation of the oil-to-salt heat exchanger determines the temperature drop of
the molten salt in the hot tank during charging operation. In addition, it also
determines the temperature drop of the thermal oil inlet of the SG during discharging
operation. The thermal oil inlet temperature is lower than the nominal conditions,
hence it decreases the power block efficiency, and the turbine is operated under part-
load conditions. In order to reduce the power block efficiency penalty, the oil-to-salt
heat exchanger is designed with very small approach temperatures, in the range of 3-
10 °C [17]. Due to the high heat duty and thermal efficiency required, an oil-to-salt
heat exchanger design with TEMA-F shells in series is proposed (see Figure 2.9).

The cycle performance during discharging was calculated through an iterative
process. First, an energy balance for each heat exchanger of the SG is defined with an
initial thermal oil inlet temperature. The thermal oil mass flow is determined by the

nominal conditions.
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Table 2.3: Proposed designs of heat exchangers.

Parameter Superheater Reheater Preheater I}Zigé ED‘;ifn LS
Shell diameter, (mm) 880 1130 825 2240/1370a 860/1000b
Baffle cut, (%) 35 30 34 - =
Baffle spacing, (mm) 762 606 654 - =
Tubes ext. diameter, (mm) 19.1 15.9 15.9 15.9 15.9
Tubes int. diameter, (mm) 13.6 12.6 11.7 12.6 12.6
Tube pitch, (mm) 248 19.9 20.7 19.9 19.9
Tube layout, (%) 90 90 90 30 30
Tube passes, (-) 2 2 2 2 2
Tubes number, (-) 419-U 1149-U 527-U 1997-U 754-U
Tube length, (m) 7.51 10.31 11.44 9.18 10.97
Shell thickness, (mm) 16 16 13 135 64
Tubesheet thickness, (mm) 134 75 126 210 131
Mass flow (tube-side), (kg/s) 30.9 24.8 30.9 263.5 131.75
Mass flow (shell-side) ), (kg/s) 263.5 35.1 263.5 - /30.9¢c 163.78/15.47¢
Flow velocity (tube side), (m/s) 1113 24.03 0.72 1.38 1.83
Flow velocity (shell side), (m/s) 0.80 0.37 0.91 - 0.16
Convective heat transfer coefficient — 3607.1 992.3 7474.8 2738.1 3484.0
(tube-side), (W/m2 °C)
Convective heat transfer coefficient  1757.3 1303.4 2215.7 17929.0 20326.0
(shell-side), (W/m2 °C)
Fouling resistance (tube-side), (°C m2/W) 8.825e-5 3.53e-4 8.82e-5 2.64e-4 2.64e-4
Fouling resistance (shell-side),(°C m2/W) 2.64e-4 2.64e-4 2.64e-4 1.76e-4 1.76e-4
Overall heat transfer coefficient, (W/m2 703.5 358 1014.7 929.3 1030.1
I—(Ije)at exchange area (per shell), (m2) 3774 1183.2 602.35 1832.0 826.4
Pressure drop (shell-side), (kPa) 27.7 41.20 51.10 - 9.5/26.94d
Pressure drop (tube-side), (kPa) 75.41 87.08 14.02 81895 59.28
TEMA designation DHU CFU DHU NKU NXU
Total number of shells, (-) 2 2 2 2 4/2e
Total investment cost, (k €) 247 337 428 773 897

2 Tube bundle diameter.
b Steam drum diameter.

cQOutlet steam mass flow.

dTotal pressure drop in recirculation loop.

¢eNumber of drums.

The inlet pressure of the turbine is calculated until the live steam mass flow and

the heat duties in the water/steam side are balanced. The power of the turbine, the

power block efficiency and the outlet temperature of last feedwater heater are

calculated in each iteration. At this point, the thermal oil outlet temperature of the SG

is also calculated. Then, an energy balance in the TES is made and a new thermal oil

inlet temperature to the SG is obtained. The process is repeated until convergence of

heat duties and temperatures is reached in the SG and TES. The turbine efficiency was

modeled as a function of the inlet mass flow rate, which was calculated using the

Stodola correlation [49]. In each heat exchanger, the overall heat transfer coefficient
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reduction was estimated by raising the tube mass flow reduction ratio to the power of
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Figure 2.9: Proposed design of oil-to-salt heat exchanger with TEMA F shell in series.

The inijtial convergence of the system of equations shows an excess of energy in
the preheater of the SG that may lead to steaming. This may induce vibrations, which
may trigger tube failure due to two-phase flow through the tubes. Although that may
occur in practice, steaming is not allowed in the preheater from an economic point of
view [50]. In order to avoid steaming, additional water mass flow is assumed to
achieve saturation conditions in the exhaust of the water preheater. In order for the
evaporator water level to remain constant, the water excess is circulated to the
deaerator.

The LCOE of the heat exchanger is calculated for varying LMTD between 2 °C and
15 °C. As seen in Figure 2.10, higher values of the LMTD lead to lower power outputs

(W, e ) and efficiencies (77,,). This is due to the reduced live-steam temperature (

Typ ), inlet pressure (B,

) and flow rate (71, , ). As expected, if the outlet
temperature of the solar field is kept constant, the hot tank temperature (7}, )
decreases with increasing LMTD. On the contrary, the cold tank temperature (7, )

increases with increasing LMTD. This happens because less thermal energy is

required in the SG and the decreasing rate of T, ; is smaller than that of 7, .
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Figure 2.10: Power block performance under part load conditions.

The results of the economic analysis of the TES of the plant, reveal an optimum
LMTD equal to 7 °C (Figure 2.11). This agrees well with published work [16]. A small
difference is noted because the cost of the oil-to-salt heat exchanger in [16] was
assumed to be approximately 50% lower than in our case. Because, it was not clear
from the beginning which fluid should be placed on the tube side and which on the
shell side, two TEMA-F shell designs are analyzed for the oil-to-salt heat exchanger.
These designs are presented in Table 2.4. The pressure on the thermal oil side was set
to 20 bar because the vapor pressure of the oil is around 10 bar at 390 °C and the total
pressure drop in the SG and the oil-to-salt heat exchanger is approximately 10 bar
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Figure 2.11: Economic analysis of the TES.

In Design 1 the molten salt is placed on the shell side and the thermal oil on the tube
side. The opposite is made in Design 2. Design 1 provides a higher overall heat
transfer coefficient than Design 2 that leads to lower heat exchange area and cost. On
the other hand, Design 2 may lead to a better drainage operation, since the thermal oil
(during charging operation) can melt the molten salt inside the tubes easier.

The heat exchanger designs were evaluated during discharging operation. The
first calculations may violate the maximum allowed tube spacing, because a large
baffle space is required to fulfill the maximum shell side pressure drop. To avoid
vibration problems, a rod type baffle is mounted on the tubes [38]. None of the
proposed designs satisfied the maximum shell side pressure drop constraint for
TEMA-F shells to prevent thermal leakage. This is because standard single segmental
baffle leads to high pressure drops on the shell side. Double or triple segmental
baffles can be used as a possible solution to reduce the pressure drop on the shell-

side.

2.7. Conclusions

In this Chapter, the design of the steam generator heat exchangers and the oil-to-
salt heat exchanger of a 50 MWe parabolic trough solar power plant was presented

and optimized. The optimized design was based on total costs and was obtained
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using a genetic algorithm with design constraints based on recommended good
practice and TEMA standards.

The results show a global optimum for outlet temperature of the thermal oil equal
to 293 °C and an evaporator pinch point of 4.85°C. TEMA-H shells are proposed for
the superheater and the preheater, and a TEMA-F shell for the reheater. The reduction
of the pressure drop within the steam generator proposed leads to higher savings in
the operational cost of the pump of the heat transfer fluid, when compared to other
designs reported in literature. Furthermore, a TEMA-X shell recirculation evaporator
is proposed, which leads to an important reduction in the shell and tubesheet
thicknesses compared with a kettle evaporator. This allows higher temperature

gradients in transient regimes.

Table 2.4: Proposed designs for the oil-to-salt heat exchanger.

Parameter Design 1 Design 2
Shell diameter, (mm) 2.56 2.56
Baffle cut, (%) 31 52
Baffle spacing, (mm) 1574 1557
Tubes ext. diameter, (mm) 19.1 19.1
Tubes int. diameter, (mm) 149 14.9
Tube pitch, (mm) 28.7 28.7
Tube layout, (°) 45 45
Tube passes, (-) 2 2
Tubes number, (-) 2911-U 2914-U
Tube length, (m) 10 oI5
Number of shells (in series), (-) 6 7
Shell thickness, (mm) 41 41
Tubesheet thickness, (mm) 191 195
Mass flow (tube-side), (kg/s) 593 954
Mass flow (shell-side) ), (kg/s) 954 593
Flow velocity (tube-side), (m/s) 1.50 1.00
Flow velocity (shell-side), (m/s) 0.55 0.81
Convective heat transfer coefficient (tube-side), (W/m?2 °C) 2892 3073
Convective heat transfer coefficient (shell-side), (W/m? °C) 4318 2374
Fouling resistance (tube-side), (°C m?/W) 2.6e-4 8.8e-5
Fouling resistance (shell-side), (°C m%/W) 8.8e-5 2.6e-4
Overall heat transfer coefficient, (W/m? °C) 827.76 755.59
Heat exchange area (per shell), (m2) 3862 3465
Pressure drop (shell-side), (kPa) 612 513
Pressure drop (tube-side), (kPa) 231 373
TEMA designation NFU CFU
Total investment cost, (M€) 52 5.8

Lastly, the analysis of the thermal energy storage system revealed an optimum for

a logarithmic mean temperature difference of the oil-to-salt heat exchanger of 7 °C.
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With this temperature difference, two designs were proposed. In the first design the
molten salt was placed on the shell side and the thermal oil on the tube side. The
opposite was made in the second design. The first design is considered the best

option, since it was found to have a lower investment cost.

Nomenclature

Abbreviations

CF : capacity factor.

CT': cold tank.

EV :evaporator.

FW : feed water.

HP: high pressure.

HTF : heat transfer fluid.

HT : hot tank.

LP:low pressure.

LCOE : levelized cost of electricity (€/kWh).
LMTD: log mean temperature difference (°C).
PB: power block.

PH : preheater.

RH : reheater.

SF : solar field.

SG : steam generator.

SH : superheater.

TAC : total annualized cost (€/year).

TES : thermal energy storage.

Symbols

A : heat transfer area (m?).
B, : baffle cut (-).

C : cost (€).

CE

index

: Chemical Engineering Plant Cost Index (-).
C, : specific heat capacity (J/kg °C).

D : diameter (m).
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E : energy (kWh/year).

F :log mean temperature difference correction factor (-).
F, : bundle heat transfer correction factor (-).

F,: Two phase heat transfer correction factor (-).

G, : critical mass flux (kg/m? s).

H :height (m).

H  annual plant operation time (h/year).

K : resistance coefficient (-).
L :length (m).

L, :baffle spacing (m).

N,
N

. - number of cold starts.

col,
1o - UMber of hot starts.

N, : number of tube passes (-).

N, : number of tubes (-).

N, : number of shells (-).

P : pressure (Pa).

R : fouling resistance (°C m%/W).

S : stream flow area (m?).

S4 : dome segment area (m?).

T : temperature (°C).

U : global heat transfer coefficient (W/m? °C).
VL : vapour load parameter (kg/s m?).

W : weight (kg).

W, .o - turbine power (MWe).

b : cost of baseline heat exchanger (EUR/m?).

G to ¢, : cost law coefficients.

¢ : chocking correction factor (-).

[ : cost multiplier for TEMA-type front head (-).
g : gravity acceleration (m/s?).

h : convective coefficient (W/ m? °C).

[ : tubesheet thickness (mm).

m : mass flow rate (kg/s).

p : cost multiplier for tube outside diameter, pitch and layout (-).

pc : penalty coefficient (-).

44
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pp : pinch point (°C).

r : cost multiplier for TEMA-type rear head (-).
t_: shell thickness (m).

v : velocity (m/s).

x : vector of optimization variables (-).

y : vector of feasible constraints (-).

Greek Symbols

« : suppression factor (-).

0 : temperature profile distortion factor (-).
1 pp : power block efficiency (-).

6,, tube layout (°).

p : density (kg/m?).

@, : viscosity correction factor (-).

Subscripts

d : drum.

dc : downcomer.

dp : driving pressure.

fm : frictional and momentum.
fc : forced convection.

hx : heat exchanger.
invest : investment.

nb : nucleate boiling.

nc : natural convection.
[ liquid phase.

0: thermal oil.

omi : operation and maintenance.
out : outlet.

pl : platforms.

7 : riser.

ref : reference condition.
S : shell.

t : outside of tube.

ti : inside of tube.
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tp : two phase.
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3.1. Abstract

This Chapter presents a methodology to guide the design of heat exchangers for a
steam generator in a solar power tower plant. The low terminal temperature
difference, the high fluid temperatures and the high heat duty, compared to other
typical shell and tube heat exchanger applications, made the design of the steam
generator for molten-salt solar power towers a challenge from the thermo-mechanical
point of view. Both the heat transfer and the thermal stress problems are considered
to size the preheater, evaporator, superheater and reheater according to the TEMA
standards and ASME Pressure Vessel code. An integral cost analysis on the steam
generator design effects on the power plant performance reveals an extremely low
value for the optimum evaporator pinch point temperature difference. Furthermore,
an optimization using genetic algorithms is performed for each heat exchanger, which
leads to economical and feasible designs.

A 110 MWe solar power tower plant is studied. Two configurations of the steam
generator are proposed: with one or two trains of heat exchangers. The results show
that the optimum pinch point temperature differences are very close to 2.6 °C and 3
°C for the steam generator with one and two trains, respectively. The proposed design
of the steam generator consists of a U-shell type for superheater and reheater, a
TEMA E shell forced circulation evaporator and a TEMA-F shell preheater. Also, the
approach point temperature difference analysis is performed to avoid sub-cooled
flow boiling in the preheater. An economic study to compare forced and natural

circulation evaporator designs is carried out.

3.2. Introduction

Different studies for the design of molten-salt steam generators (SGs) of solar
power tower plants (SPTPs) are available in the literature. The design requirements
consider the material selection, geometric parameters and overall performance [1].
Other design guidelines also include the economical evaluation of the SG [2]. In both
cases, these design recommendations analyze the SG design for a 100 MWe
commercial SPTP. In spite of Foster Wheeler recommendations [1], a different
approach is accomplished for the SG design of the experimental facility Solar Two [3]
and Molten Salt Electric Experiment (MSEE) [4], showing that the SG design is a wide
open research field.

The SG design depends also on the manufacturer. In this sense, several SG
solutions proposed by different manufacturers were analyzed for a 100MWe

commercial solar power plant in [2]. For instance, ABB Lummus [2] design includes a
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kettle evaporator and U-tube/straight shell heat exchangers. The salt is placed on the
shell side in the superheater and preheater, whereas in the reheater the salt is placed
on the tube-side. The superheater design is divided into two shells in series in order
to decrease the thermal stress in the tubesheet. The SG design proposed by ABB
Lummus presents the lowest cost compared to other manufactures. Struthers Wells
[2] uses the same concept as ABB Lummus employing a kettle evaporator and U-
tube/straight shell heat exchangers. The principal feature of this design is that the
high-pressure water is placed on the shell side in all heat exchangers. This leads to
high thicknesses, and thus, high thermal inertia. On the other hand, Foster Wheeler
[1,2] proposes a straight tube/straight shell design with the molten salt placed on the
shell side. In this design, the inlet and outlet streams pass through different
tubesheets, avoiding the potential temperature gradients in the no-tube passes zone.
The differential thermal expansion is accommodated by floating tubesheets.
Furthermore, a natural circulation design is selected for the evaporator. The design
proposed by Babcock and Wilcox (B&W) [2] consists of U-tube/U-shell heat
exchangers with the molten salt placed on the shell side. Similarly to the straight
tube/straight shell design, the U-shell design also avoids temperature gradients
produced by inlet and outlet streams. In addition, the U-shaped tubes can expand or
contract in response to the thermal expansion between tubes and shell without the
need of floating tubesheets. The main disadvantage is that the U-shell design presents
relative high costs. A forced circulation evaporator is selected instead of natural
circulation evaporator.

In spite of these useful recommendations shown in [2], several design parameters
such as velocities, pressure drops or tube diameters of the heat exchangers are
missing. Nevertheless, these recommendations were used for the SG design of the
experimental facility Solar Two [3]. Some problems appeared in Solar Two. On the
one hand, problems related to the stress corrosion materials appeared in such facility.
For this reason, higher corrosion resistance materials for SG have been recommend by
different authors [5,6]. On the other hand, further problems related to the salt freeze
inside of the tubes of the kettle evaporator occurred in Solar Two [7], pointing out the
difficulties found in the industry to design and operate SG systems.

Most recent studies have been made for higher SPTPs capacities where a
preliminary SG design can be found. Kolb [8] carried out a study to increase the
efficiency of these plants. The SG sizing for 160 MWe subcritical and supercritical
steam-cycles was calculated including the associated heat transfer areas and pressure
drops. Kelly [9] proposed different strategies to reduce the levelized cost of electricity
using supercritical heat transport fluids for central receiver power plants. The sizing
and cost analysis of subcritical and supercritical SGs for 400 MWe plants were also
studied.
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Recently, genetic algorithms (GA) have been used extensively as an optimization
method in the heat exchanger design. For instance, Caputo et al. [10] and
Sadeghzadehet et al. [11] performed a cost design optimization of shell and tube heat
exchanger using GA. Their results show significant cost reductions over heat
exchangers designed using traditional methods. Hajabdollahi et al. [12] used both
GA and particle swarm method to optimize the cost of a shell and tube heat
exchanger condenser. They claim that GA provides lower CPU time compared to
particle swarm method.

In the previous Chapter was carried out the optimization of heat exchangers of
parabolic trough solar power plant [13]. Two optimization strategies were compared:
minimize the heat transfer area and minimize the total annualized cost, considering
capital and operation costs. The results show that the minimization of the total
annualized cost may lead to lower costs.

In this Chapter, a complete methodology for the design of SG for a SPTP is
proposed. This approach considers the general requirements of the SG heat
exchangers (superheater, reheater, evaporator, preheater and drum), the materials
selection, the thermal-hydraulic and the mechanical designs together with the cost
models and an optimization procedure. To accomplish such work, once the general
requirements are satisfied, the approach consists of finding the optimum value of the
pinch point temperature difference of the SG. An approach point temperature
analysis is made to avoid subcooled flow boiling in the preheater in order to use low
cost materials. The optimization of each heat exchanger is carried out employing a

genetic algorithm, while the overall cost is optimized studying the whole SG.

3.3. Initial design of SPTP

The SPTP analyzed for the SG optimization is Crescent Dunes [14], which consists
in a 110 MWe plant with 3.8 solar multiple and 10 storage hours. These features allow
obtaining a 52% capacity factor. A simplified schematic of the different subsystems of
the plant is shown Figure 3.1. The solar field is composed by heliostats following a
radial staggered arrangement, which reflect the solar radiation into a receiver. The
heat transfer fluid employed is molten-salt, which is heated from around 290 to 565°C
in the receiver. The thermal energy storage (TES) system is formed by two tanks (one
hot and one cold) allowing the controlled release of the thermal energy captured from
the solar field. The SG system includes a superheater (SH), reheater (RH), evaporator
(EV) and preheater (PH). The hot salt is sent to SG where the thermal energy is
transferred to produce main and reheated steam. The power block consists of a

subcritical Rankine-cycle with a regenerative system. The main steam pressure and
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temperature are 12.6 MPa and 550°C, respectively; and its efficiency is 44%. The main
design values of the power block are summarized in Table 3.1. The water and steam
properties are calculated using the correlations published in [15]. The molten-salt

properties are obtained from [16].

Solar Field Storage System Steam Generator Power Block

T Tiem

THP.IN

SH B RH
EV
PH TI"!F"TC)'L}T
ofe}
Teas Tew

Figure 3.1: Schematic of a SPTP.

Table 3.1: Nominal values of the 110 MWe steam power cycle.

Turbine point Pressure (MPa) Temperature (°C) Mass Flow (kg/s)
HP in 12.6 550 86.92
HP out 3.4 371 78.70
LPin * 550 78.70
Feed-Water * 245 86.92

*These parameters are subjected to SG design calculations.

3.4. Methodology

This section describes the procedure followed to design individually each heat
exchanger of the SG. First, an initial design that follows the technical requirements
and recommendations is proposed. After that, the materials, the thermal-hydraulic

conditions and the mechanical design are analyzed. Figure 3.2 shows a simplified
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scheme of the approach, which is further detailed in this section. Later, a global
economic optimization of the SG is carried out using GA and costs models.
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Figure 3.2: Schematic of the main heat exchanger calculations.

3.4.1. SG design selection

A general problem in the heat exchangers of the SG is the differential thermal
expansion between the shell and the tubes. This is caused by the high temperature
differences between the inlet and the outlet of the working fluids. Then, the different
temperature profile of the working fluids leads to different thermal expansion in the
shell and the tubes. To solve that, two designs are normally used: U-tube or floating
head. The floating head design presents higher costs than U-tube mainly for two
reasons: i) higher capital cost [17]; ii) higher cost associated to maintenance [2].
Therefore, in this Chapter a U-tube design is selected for all heat exchangers of the
SG.

Since solar plants are subjected to daily transient operations, the reduction of the
thicknesses of the heat exchangers may improve dynamic behavior of the SG against
thermal stresses. Therefore, low-pressure salt is placed on the shell-side and the high-

pressure water/steam on the tube-side.
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e Superheater and reheater requirements

The main technical problem of the superheater is the high temperature differences
between the inlet and outlet of the steam (~200°C). This may lead to high temperature
gradients in a single-tubesheet design, especially in the no-tube-lane zone.
Furthermore, the temperature profile in the superheater produces a high differential
thermal expansion of the hot leg over the cold leg of the tube bundle. This may
involve a high curvature radius in the U-bend and thus an increase in the associated
shell diameter. The U-shell design provides a good solution to solve the
aforementioned problems since it has two tubesheets, and then, the thermal stresses
produced in the no-tube-lane zone are eliminated. Moreover, in this design, a high U-
bend radius does not lead to a high shell diameter. This design was employed
successfully in the experimental facility MSEE [4].

The technical problems described in the superheater also occur in the reheater,
although the working pressure in the reheater is considerably lower. Finally, an U-

shell design is selected for the superheater and the reheater.
e Evaporator requirements

Several studies of parabolic trough plants include a kettle evaporator for the SG
due to its relatively low capital cost and its successful operation in the pioneering CSP
plants, such as in Luz Solar Electric Generating Stations (80 MWe) [2]. Nevertheless,
the breakage of tubes in a kettle evaporator in Solar Two experimental facility due to
the salt freeze-thaw cycling warns against its application [7]. For this reason, in this
work a circulation evaporator type with steam drum was selected for the SG.

Mainly two designs are possible for circulation evaporators: forced or natural.
According to Pasha [18], heat recovery steam generators (HRSGs) with forced
circulation systems have shorter start-up times than natural circulation systems. This
is because the natural circulation systems need enough driving pressure to assure
natural circulation, which may lead to a high thermal inertia. In addition, in forced
circulation evaporators the circulation ratio (total mass flow circulated per unit of
steam flow generated) is not dependent on the heat abortion. Thus a lower time is
required to achieve the optimal circulation. For these reasons, forced circulation
evaporators may provide advantages for plant operability. Normally, in HRSGs with
forced circulation systems the circulation ratio is ranged between 3 and 8 [19],
whereas in natural circulation systems is ranged between 8 and 25 [18].

In spite of the aforementioned advantages of the forced circulation design, it is not
clear what design provides lower costs, in terms of capital investment and operation.

Therefore, in this Chapter a cost analysis is carried out to help in the selection of the
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best design. The pump operating costs on tube-side and shell-side, the capital cost
associated to the heat exchangers and the start-up energy cost are considered. The
proposed designs for forced and natural circulation evaporators are illustrated in
Figure 3.3-a and Figure 3.3-b, respectively.

Different assumptions are made for the calculations. The number of downcomers
and risers is calculated to fulfill the maximum momentum according to [1]. The
maximum diameters are set to 450 mm and 150 mm, respectively. In the natural
circulation design, the downcomer height is adjusted to provide the specified
circulation ratio. In both designs, the tube length is discretized at least to the baffle
spacing, to obtain accurate values for the two phase flow calculations (heat transfer
coefficient, pressure drop, heat flux, etc.). Details of the evaporator calculations are
described in Appendix A.

As can be seen in Figure 3.3-c and Figure 3.3-d forced circulation evaporator
provides lower costs. Although both options include an economical straight shell
design, the forced circulation design also allows a horizontal orientation to use a U-
tube rear-end type and then reduce the heat exchanger costs. In contrast, natural
circulation design requires a floating head type increasing the heat exchanger cost.

Different TEMA shell types such H or F are possible solutions as heat exchanger in
a horizontal circulation evaporators [20], but finally a TEMA E shell is selected for
different reasons. Firstly, TEMA E shell type is one of the most economical and the
most common shell designs. Secondly, the inlet salt nozzle can be moved at the
bottom of the heat exchanger, reducing the potential thermal stress in the tubesheet.
In addition, the thermal stress in the U-tube rear-end type is also reduced since the

differential thermal expansion between cold and hot legs is minimized.
e Preheater requirements

The preheater do not have a high temperature differences between inlet/outlet on
the salt and water sides (around 50°C and 70 °C, respectively), therefore a single-
tubesheet design is a feasible and economical option. This solution was used in the
experimental facility Solar Two without technical issues [3]. Moreover, the pinch
point and the approach point temperature differences (Figure 3.4) reported in the
literature are typically low, and then, high thermal effectiveness will be required. For
these reasons, a TEMA F shell is selected for the preheater.

Typically, in conventional fossil-fired plants and HRSGs, an approach point
temperature difference between exit water of the economizer and the saturated water
of the steam drum is imposed to prevent generation of steam in last zone of the
economizer; this phenomenon is called steaming or subcooled flow boiling. The

steaming may lead to vibrations and mechanical damage by water hammer [21],
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which can produce a fast deterioration of the economizer, unless a steaming
economizer is used. The approach point temperature difference depends on the
manufacturers and technologies. For instance, in conventional fossil-fired this
temperature difference shows values of 15-25 °C and in HRSGs ranges from 5 to 35 °C
[22]. For molten salt steam generators, the approach point used by ABB Lummus,
Struthers Wells and Foster Wheeler was 0 °C, in contrast, B&W chose 1.5 °C [2].
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Figure 3.3: Evaporator design: a) Forced circulation evaporator. b) Natural circulation
evaporator. The annualized cost against the circulation ratio: c) Forced circulation
evaporator; d) Natural circulation evaporator.
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Figure 3.4: Typical temperature profile for the SG.

Drum Requirements

The steam drum size is estimated assuring that the vertical and horizontal steam

velocities are below the values recommended by Ganapathy [23]. This is important to

achieve a proper operation of the chevron ensuring that the water droplets are not

dragged by the steam flow.

Finally, Figure 3.5 shows the heat exchanger configuration selected for the SG.
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Figure 3.5: Heat exchanger configuration selected for the SG.

3.4.2. Material Selection

Zavoico [5] recommends the materials for different parts of the SG: Gr 347 or 321
stainless steel for the superheater, 9Cr-1Mo alloy steel for evaporator and carbon steel
for preheater. For the superheater and the reheater, a lower cost stainless steel such as
304 or 316 are recommended by several manufacturers [2]. In contrast, according to
Kelly [7], 304 or 316 stainless steel may be susceptible to stress corrosion cracking
because of the potential impurities in the industrial-grade molten-salt used. For the
preheater and the evaporator, in a first step, Zavoico [5] recommended materials were
selected. Finally, in order to decrease the thermal stress on the U-bend zone, the
selected tube materials are ASTM A210, Gr. A1 for preheater and ASTM A213, Gr. 347
for evaporator. The materials selected for the SG are shown in Table 3.2.
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Table 3.2: Selected Materials for the main SG components.

Component Shell and Tubesheet Material Tube Material
Preheater A516, Gr. 70 A210, Gr. Al
Evaporator A387, Gr. 91 A213, Gr. 347
Superheater A240, Gr. 347 A213, Gr. 347
Reheater A240, Gr. 347 A213, Gr. 347
Steam Drum A516, Gr. 70 -

3.4.3. Thermal-Hydraulic Design

The sizing of the SG heat exchangers is carried to fulfill the heat duty
requirements, which are specified by the power block. A computer code is performed
to calculate several geometric parameters of the heat exchangers.

The shell-side pressure drop is calculated based on the stream analysis method
using the Wills-Johnston version [24]. This method consists in a hydraulic network,
where the shell-side flow is divided into six different streams: the tube-to-baffle
leakage (A), the cross-flow (B), the bundle-to-shell bypass (C), the shell-to-baffle
leakage (E) and the tube-pass-partition by-pass (F). The pressure drop per baffle is
calculated using Equation 3.1. This equation is solved by an iterative process where
the convergence is achieved when the same pressure drop is obtained in the meeting

points of the different paths.
K,Gm, /S, )

. j=A4,B,C,E,F (3.1
’ 2p4,

At this point, the percentage of the different stream flows respect to the total flow

is known, then the heat transfer coefficient on the shell-side can be estimated using
the correlation proposed by Engineering Science Data Unit (ESDU) [25], which is

expressed in terms of the heat transfer coefficients on cross-flow zone.
¢ Double segmental baffle calculations

In a first step, the heat exchanger design is carried out using single-segmental
baffle, obtaining high shell side pressure drops. These optimized designs obtained in
the first step tend to minimize the shell-side velocity to reduce the operational cost, in
spite of the increment in the heat exchange area and the associated increment in the

capital cost. For these reasons, a double-segmental baffle (Figure 3.6) is selected
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providing a good option to reduce the pressure drop. In addition, double-segmental
baffles may reduce the tube vibration, especially when larger mass flow rates are
involved [26].
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Figure 3.6: Shell and baffle types.

The heat exchanger is divided in two symmetrical main streams to obtain the
shell-side pressure drop in double-segmental baffles. Each one has their
corresponding sub-streams mentioned before. Now, the ideal hydraulic network is
solved adapting conveniently the flow areas of each sub-stream. A similar concept is
used in the method proposed by K. P. Singh et al. [27] for triple-segmental baffles
calculations. To validate this approximation, different designs reported in the
literature were consulted [1,24]. The nozzle pressure drops are also considered in
shell-side calculations.

According to ESDU [25] the heat transfer coefficient on the shell side can be
estimated considering only the cross-flow in single-segmental baffles. In contrast, this
consideration is not valid for double-segmental baffles since the percentage of parallel
flow respect to the total flow may increase using double-segmental baffles, and it may
lead to a reduction in the overall heat transfer. Then, the heat transfer coefficient on
the shell-side is calculated using the Equation 3.2 proposed by Emerson [28]. This
equation takes into account the heat transfer coefficients in the cross-flow and
window zone, which are weighted by their respective heat transfer areas. The heat
transfer coefficient in the cross-flow zone is calculated using the Colburn correlations
[24]. The heat transfer coefficient on the window zone is calculated using the
correlation proposed by Singh et al. [27].
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Ah +Ah
po= DT (3.2)
Ax‘ + Aw

e Heat transfer and pressure drop inside tubes

For single-phase flows, the heat transfer on the tube-side is estimated using
Gnielinski correlation [24]. Since the heat exchangers are arranged horizontally, the
pressure drops on the tube-side by static head losses are neglected. The friction factor
is calculated using the Colebrook correlation [24]. The pressure drop for tube pass
and the momentum change in nozzles are also taken into account.

For two-phase flows, the heat transfer coefficient is calculated according to Chen’s
correlation [29]. This correlation considers two heat transfer mechanisms: the nucleate
boiling and the two-phase forced convection. The pressure drop for two-phase flows
is calculated using the method proposed by Lockhart and Martinelli [24]. Two-phase

effect in geometries such as bends and nozzles have been also considered.
e  Critical heat flux calculation

The critical heat flux is defined as the point which above the two-phase heat-
transfer coefficient drops and takes place the departure of nucleate boiling
phenomenon. Normally, the evaporators are not designed to operate near of the
critical heat flux, not only for the decrease in the heat transfer coefficients but also to
prevent the tube wall overheating. This problem appears when a zone in the
evaporator exceeds the critical heat flux, showing an alternating process of dryout
and wetting in the internal wall [30]. Therefore, cyclic thermal variations in the tube
wall may lead to deposit-corrosion and fatigue damage. Moreover, this effect is
related to flow instabilities that may reduce the performance.

The critical heat flux point mainly depends on the operating pressure, the mass
velocity and the steam quality, the tube orientation, etc. To calculate the critical heat
flux in horizontal tubes, the correlation proposed by Wong et al. [31] is used.
Moreover, Collier et al. [30] recommends for boiling flows in horizontal tubes a
minimum fluid velocity of 2.5 m/s in order to avoid steam water stratification
problems.

Forced circulation evaporators require a careful economic study. As shown in
Figure 3.3 the optimal value of the circulation ratio is obtained around 2.5. However,
the operation at the optimal circulation ratio exceeds the maximum heat flux allowed
in the rear-end zone of the U-bend. Then, to operate the evaporator safely, a
minimum circulation ratio of 5 is required. Other design employs multi-lead ribbed

tubes in the evaporator which increases the steam quality working below of the



Thermo-economic optimization of molten salt SGs 65

critical heat flux conditions [4]. This means that the circulation ratio decreases, and
then, the evaporator could be operated in the optimal economic performance.
However, no correlations or experimental data about the critical heat flux using
multi-lead ribbed tubes were found, and thus, this design option has not been

considered in our analysis.
e Subcooled flow nucleate boiling

Although, the preheater is designed to not overpass the saturation temperature of
the steam drum, subcooled flow nucleate boiling may occur at local conditions. A
correlation proposed by Griffith et al. [32], Equation 3..3, is used to estimate the local
temperature difference at which starts the Onset of Significant Voids (OSV). Down-
stream of this point, the void fraction increases rapidly. Therefore, it has been
considered steaming conditions when the tube bulk temperature fulfills this

condition:7,, , > T, — AT, o5 -

(14+0.1P)

AT oy =4, ——— (3.3)

Vf

A numerical model is performed to calculate the preheater local conditions (heat

flux, wall temperature,...) following the method proposed by Hussaini et al. [33].

3.4.4. Mechanical Design

Normally, a feasible heat exchanger is designed considering a high number of
constraints. The standards of the Tubular Exchanger Manufactures Association
(TEMA) [34] provide many geometrical constraints and design parameters such as:
outside tube diameters, maximum and minimum baffle spacing, fouling resistances,
clearances, etc. In this Chapter, all heat exchangers are designed to fulfill these
requirements. The thicknesses of heads, shells and tubes are calculated according to
the ASME Boiler and Pressure Vessel code Sections VIII and II [35]. Other design
constraints, which are based on good practice recommendations, are also used [13].

In order to reduce the cost associated to the tube-to-tubesheet welding and tube-
support-plate drilling, the number of tubes is minimized [1]. In this way, the
optimization algorithm penalizes solutions when the tube length is far from its

maximum value.
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e Tubesheet thickness calculation

Typically, the tubesheet thickness calculation in heat exchangers for standard
industrial applications is carried out using ASME Section VIII-Division 1 or/and
TEMA standards methods. However, these methods do not consider the thermal
stress effects in the U-tube tubesheet design. For this reason, more sophisticated
methods were sought. The method proposed by O'Donnell et al. [36], considers the
thermal stress and the stress produced by pressure. The thermal stresses are caused
by temperature difference in the primary and secondary sides of the tubesheet, and in
the no-tube-lane zone. Although in the standard industrial applications these effects
are one or two orders of magnitude lower than the pressure stress, thermal stresses
may become important when operating at high temperature differences, and thus,
they should be combined with the pressure stress [37]. Then, to verify the heat
exchanger designs on the safety-side, the O'Donnell method is used to calculate the
tubesheet thickness. Figure 3.7 illustrates the operating temperatures in the
superheater tubesheet for different shell types. Details of the tubesheet stress
calculations according to O’Donnell et al. [36] are described in Appendix B.
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Figure 3.7: Tubesheet temperatures for different superheater shell types.
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e Minimal U-tube radius calculation

It is well known that the U-tube design avoids the thermal stress problem related
to the differential thermal expansion between tubes and shell. Nevertheless, the
thermal stress problem related to the differential thermal expansion between the hot
leg and the cold leg is still present. The U-bend radius has a great influence on the
thermal stress generated. Furthermore, since the tubes are supported by segmental
baffles, the thermal expansion of the tubes is not free. Then, the tubes try to lose their
straight shape and produce contacts at tubes and baffles located at the end of the U-
bends, Figure 3.8. Therefore, the location and the clearances of the last baffles play a
key role on the generated stresses. In this Chapter, the minimal radius of the U-bend
is calculated using the analytical method proposed by Singh et al. [38]. Figure 3.9
shows the minimal radius against the temperature difference between the hot and the

cold legs. The U-tube stress calculation according to Singh et al. [38] is described in

Appendix C.
Tubesheet
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Figure 3.8: U-tube deformation by thermal expansion.

The minimal radius of the U-tube for the superheater and the reheater is
calculated using a hot and cold leg overhand difference value of AS, . =0 in order
to minimize the potential tube vibrations problems at the U-bend region. The U-tube
radius for the evaporator and the preheater is selected according to the no-tube-lane
distances reported in [39]. Then, the hot and cold leg overhand difference is adjusted

below the maximum stress limit.
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Figure 3.9: Minimal radius against temperature difference between different hot and
cold leg overhand differences (AS, ).

e Vibration Analysis

In the heat exchanger design high flow velocities lead to high heat transfer
coefficients, obtaining in this way benefits such as low surface areas, cost, fouling
tendency, etc. However, flow velocities above a critical value can produce vibration
problems, which cause the material erosion or even fatigue failure due to damage in
tubes, baffles supports and tube-to-tubesheet joints.

A vibration analysis is performed for all heat exchangers using the method
proposed by ESDU [40]. This method consists, in a first step, on finding the natural
frequency of the tubes, which basically depends of the span length, the second
moment of area of the tube and the densities of the shell and tube fluids. On second

step, the critical velocity is calculated for a given tube layout.

3.4.5. Estimating Cost Models

In general, the optimization of heat exchanger networks is considered as an
isolated system. However, the operation of the SG in a SPTP affects the performance
of the whole system. Therefore, it is convenient to evaluate the economic influence of
each system.

The costs considered to evaluate SG are, on the one hand, the capital cost of the
heat exchangers, the hot pump and the tank size of the TES system. On the other
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hand, the operational pump cost of the SG and the receiver. In addition, it is also
considered the start-up energy cost. Finally, the total annualized cost (TAC) can be

defined as:
TAq :ﬁ ¢ Cmpital +Copemlion (34)
Copia =Gt G + Gk (3.5)
operation = prm)ing,REC +Cmrping,.SU +Cvtm,SG (36)

The capital return factor ( fic) is calculated considering an interest of 8%, a plant

lifetime of 25 years and an annual insurance cost of 1%. The capital cost of the heat
exchangers were estimated using the Purohit method [17]. This method takes into
account many constructive parameters of the heat exchangers: front/shell and rear
TEMA types, heat transfer area, tube layout, tube and shell side pressure, etc. Even
cost factors for a wide variety of tube, shell, channel and tubesheet materials are also
considered. However, the U-shell type cost factor is not available in this method. For
this reason, an extrapolation is made according to the cost data from Foster Wheeler
[1]. Since this method was developed in 1982, the heat exchanger costs must be
escalated to the present value. According to Vengateson [41], the Chemical
Engineering Plant Cost index can be applied for heat exchangers. The steam drum
cost is calculated according Seider et al. [42].

The capital cost of the molten-salt pumps and tanks is estimated following the
data provided by Kelly and Kearney [43]. The tank size can be calculated considering
the storage hours and the molten-salt mass flow rate for the SG at nominal conditions.
The costs of the molten-salt pumps, hot and cold, cost are calculated as a function of
their required electrical power. The operational pump cost of the SG and the receiver

is calculated using the Equation 3.7. The pump efficiency (77, ) is considered to be

pump

70%. The energy electricity cost (C ) is assumed as 0.13 €/kWhe. Since the annual

power

operating time of the SG (H ;) is not known, it can be estimated by means of the

solar plant capacity factor, obtaining 4550 hours.

H)’J m,AP,
Crping = Croner —_ (3.7)
pump pl

The annual operating time of the receiver (H ;) is estimated using System

Advisor Model (SAM) [16], obtaining 2970 hours. For simplification, it is assumed
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that the receiver operates at nominal conditions with an equivalent annual operating
time of 2160 hours. The pressure drop in the receiver is estimated using the receiver
modeling proposed by Rodriguez-Sanchez et al. [44].

The start-up energy is calculated using Equation 3.8. According to Foster Wheeler

[1], the number of hot start-ups (N,,) and warm start-ups (N,,,,) are 300 and 10,

ot varm

respectively; the proposed cold-down rates of each heat exchanger are also used.

M
Coans = Cpmer | 2V 12/ NN oy + Ny N 11) + W Cp (N ATy, + N, AT,,,) Ny (3.8)
Jj=1
3.4.6. Heat exchanger Optimization using genetic
algorithms

Due to the high number of variables and constraints that involve the heat
exchanger design, an optimization algorithm is employed to obtain a feasible and an
economical design. Genetic algorithms are widely used because of their advantages,
which are a relatively easy implementation and low computational cost. Moreover,
the possibility of adding constraints and discrete and continuous variables makes
these algorithms very attractive for the heat exchanger design. Further details of the
GAs performance can be found in [11,45]. Here, the objective function is a
combination of TAC and the penalty function, which are shown in Equations 3.9 and
3.10. The penalty function, Equation 3.11, is defined according to Ponce et al. [46] to
improve the performance of the algorithm. The main parameters for the GA
implementation are the population size of 300 individuals, the crossover fraction of
0.8 and the mutation rate of 0.1. The maximum number of generations and the stall
generation limit are set to 200 and 50, respectively. The search variables selected for

the heat exchanger design are presented in Table 3.3.

Table 3.3: Search variables selected for the heat exchanger design.

Variable Single-phase heat exchanger Evaporator
X1 Shell diameter Shell diameter
X2 Tube diameter Tube diameter

Tube layout (triangular, square or rotated  Tube layout (triangular, square or
X3

square) rotated square)
X4 Tube pitch Tube pitch
X5 Number of shells Number of shells
X6 Shell-side velocity Shell-side velocity
X7 Tube-side velocity Tube-side velocity
X8 Baffle cut Baffle cut

X9 Segmental baffle (single or double) Circulation ratio
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TAC, = frc G +C, o (3.9)

fitness(x) = TAC, (x) + penalty(x) (3.10)
0 if xis feasible

penalty(x) =1 & (3.11)

Z e, yf (x) otherwise

i=1

3.5. Optimization

3.5.1. Optimization of the approach point of the SG

In this Chapter, an economic analysis is performed to compare the use of a
steaming preheater and a non-steaming preheater. On the one hand, non-steaming
preheaters show high approach point values that increase the log mean temperature,
and therefore, the heat transfer areas and associated capital costs decrease. In
addition, lower quality materials can be used. On the other hand, the heat transfer
area of the evaporator increases since more steam must be generated to compensate
the subcooled water temperature difference inlet at the steam drum.

In order to calculate the steaming conditions in the preheater, a finite difference
scheme is performed using a tube length step of 0.1 m. The heat flux, the velocity and
pressure are calculated at local conditions. Then, the Equation 3.3 is used to check if
the steaming condition is achieved. If the steaming condition is achieved at any point
of the preheater, a steaming preheater is selected; otherwise a non-steaming preheater
is selected.

3.5.2. Results of the approach point optimization

The results of the approach point temperature difference analysis are shown in
Figure 3.10. A conventional salt temperature difference between inlet and outlet of the
SG was selected (565 and 290 °C, respectively) for this analysis. This means that the
pinch point temperature difference is around 6.5 °C for an approach point of 0 °C. The
results show that the steaming condition should not be achieved for approach points
greater than 2.5 °C. The abrupt change in the TAC is due to the higher cost materials
used in the steaming preheater, which has been designed considering the same
materials that has been used in the evaporator, Table 3.2. Furthermore, TAC shows a

high growth rate for large approach point temperature differences. This means that
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the cost reduction due to the preheater area decrease does not compensate the cost

increase in the evaporator using larger approach points.

6.02 - ' - . : : . ;
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Figure 3.10: Total annualized cost against approach point.

Regarding a different salt outlet temperature while keeping constant the inlet salt
temperature to 565 °C, different pinch points will be obtained, Figure 3.4. Figure 3.11
shows the minimum approach points for different pinch points at which the steaming
conditions are not achieved, and then, non-steaming preheaters can be used. As can
be seen in Figure 3.11, the approach point increases with the pinch point. Large values
of the pinch point reduce the heat transfer area needed due to the increase of the heat

flux, and thus, the subcooled temperature difference increases too, Equation 3.3

3.5.3. Optimization of the pinch point of the SG

The pinch point optimization is a typical methodology used to evaluate the
performance in systems such as HRSGs and heat exchanger networks (HENSs) [47,48].
In this Chapter, this methodology is used but a different approach is proposed for the
SG design of SPTPs.

The pinch point is defined as the temperature difference between the inlet water
evaporator temperature and the outlet salt evaporator temperature. The pinch point
temperature difference has a high impact on the heat transfer areas of the SG,

especially in the evaporator and the preheater. The pinch point also determines the
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Figure 3.11: Approach point against pinch point.

salt mass flow rate and the outlet salt temperature of the SG. Then, low pinch point
values may lead to large heat transfer areas, and therefore, high capital costs of the
heat exchangers. Moreover, large heat transfer areas may also cause a high start-up
energy consumption.

On the other hand, high pinch point values may increase the operational pump
costs since high mass flow rate must circulate. This is very important because it
affects: i) the SG pump energy consumption, ii) the receiver pump energy
consumption, and iii) the storage tank size and its capital costs associated.

In this way, a trade-off between the mentioned costs may be obtained for a pinch
point value that minimizes TAC. Figure 3.12 shows a schematic of the evolution of the

mentioned costs against the pinch point.

3.5.4. Global optimization procedure

The high number of possible combinations of the design variables of the four heat
exchangers optimized simultaneously leads to a huge computational cost for the
global optimization (around 10?* possible combinations). Therefore, an alternative
method is proposed to reduce the number of the design variables and the
computational cost. The salt-side velocity has a very important effect in the total cost
for different reasons. On the one hand, the thermal conductivity of the molten salt is

lower than the water/steam. On the other hand, the shell-side velocities are normally
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Figure 3.12: Evolution of different costs against the pinch point.

lower than in the tube-side. Therefore, the overall heat transfer coefficient is
dominated by the heat transfer on the salt side. This means that a high salt-side
velocity reduces the heat transfer area, and then, decreases the capital cost. However,
a high salt-side velocity increases the pressure drop and the associated operational
costs. For these reasons, the salt-side velocity is selected as the main global design
variable.

Bearing in mind that the heat exchanger optimization is made in a first step
individually, this means that the GA minimizes TAC without considering the cost of
other heat exchangers. In the second step, the whole system is considered in the
global optimization algorithm. This algorithm can increase the salt-side velocity in the
heat exchangers with higher capital costs (combination of the cost associated to the
heat transfer area, material, shell type, ...) or operate in the opposite form, changing
the operating conditions of the cheapest heat exchangers. Then, the SH, RH, EV and
PH are optimized simultaneously by means of TAC1, where the design variables are
only the shell side velocities of each heat exchanger. A simplified scheme of the

optimization algorithm is shown in Figure 3.13.
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Figure 3.13: Schematic of the optimization algorithm.

3.5.5. Results of the pinch point optimization

In commercial solar power plants the SG is divided in two parallel trains [49,50].
This practice may reduce the stop time of the plant due to the potential failure risk of
the SG. Although, initially it is not clear the advantages of a SG with two parallel
trains, in this Chapter a cost analysis is carried out for two different SG layouts: i)
with only one train; ii) with two trains in parallel. A schematic of the SG layout with
two trains is shown in Figure 3.14. Each train is formed by superheater, reheater,

evaporator and preheater.
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Figure 3.14: SG layout with two trains in parallel.

The pinch point optimization results for both SG layouts are illustrated Figure
3.15. It can be seen that the minimum values of TAC corresponds to the optimum
pinch points, which are 2.6 °C and 3 °C for the SG layouts with one and two trains,
respectively. The SG with two trains has a higher TAC than the SG with one train due
to the greater number of units used, i.e., heat exchangers, drums and pumps.

The optimal pinch points obtained are lower than the values suggested by the
manufacturers, which range from 4.5 to 10 °C [2]. This result can be explained due to
the consideration in our model of the receiver pump operating costs, which are quite
high. The results show that the optimal pinch points produces substantial savings
compared to a value of 10 °C (around 0.4 M€/year). In terms of temperature, a pinch
point of 2.6 °C causes a SG salt outlet temperature of 286 °C, whereas a pinch point of

3 °C produces a salt outlet temperature of 286.5 °C.

3.5.6. SG proposed design

The proposed designs of heat exchangers for the SG layouts with one and two
trains are presented in Tables 3.4 and 3.5, respectively. These results are based on the

pinch point optimization presented before. Several design parameters are included in
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the heat exchanger calculations. Also, the steam drum data of each SG layout is
shown in Table 3.6.
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Figure 3.15: Total annualized cost against pinch point.

The results show that the SG with one train has lower capital cost than with two
trains. Moreover, the start-up energy cost is around 50% lower for the SG with one
train. This seems logical since the SG with two trains a larger mass of metal and fluid
to be warmed-up. The SG pump operating costs are practically the same for both SG
layouts.

Table 3.4 shows that higher thicknesses are obtained in shells and tubesheets for
the SG layout with one train. Since SPTPs are subjected to daily start-ups, it is
expected that the SG layout with two trains shows a better behavior against thermal
stresses. Furthermore, this may lead to lower start-up times when using only one of
the two parallel trains due to its lower thermal inertia compared to the SG with one

train. This feature might be interesting to increase the plant operability.

Table 3.4: Proposed design of the heat exchangers for the SG layout with one train.

Parameter Superheater Reheater Evaporator Preheater
Shell diameter, (mm) 884 1010 1796 1600
Baffle cut, (%) 28 22 23 24
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Baffle spacing, (mm) 612 317 569 658
Tubes ext. diameter, (mm) 15.9 254 15.9 15.9
Tubes int. diameter, (mm) 12.2 21.2 122 12.2
Tube pitch, (mm) 20.7 31.8 20.7 23.9
Tube layout, (°) 45 30 90 45
Tube passes, (-) 1 1 2 2
Tubes number, (-) 1219 815 2737-U 1615-U
Tube length, (m) 20.81 22.09 9.43 11.04
Shell thickness, (mm) 12.7 12.7 15.9 15.9
Tubesheet thickness, (mm) 254 193 400 312
U-tube minimal radius, (mm) 895 713 42 48
Mass flow (tube-side), (kg/s) 86.92 78.70 567.13 86.92
Mass flow (shell-side) ), (kg/s) 390.44 183.30 573.75 573.75
Flow velocity (tube-side), (m/s) 13.21 23.96 2.53 0.61
Flow velocity (shell-side), (m/s) 0.65 0.50 0.60 0.70
Convective heat transfer coefficient (tube-
side), (W/m2 °C) 3649 1227 27688 6598
Convective heat transfer coefficient (shell-
side), (W/m2 °C) 5213 3656 4200 4234
Fouling resistance (tube-side), (°C m2/W) 8.825e-5 8.825e-5 2.647e-04 8.825e-5
Fouling resistance (shell-side), (°C m2/W) 8.825e-5 8.825e-5 8.825e-5 8.825e-5
Overall heat transfer coefficient, (W/m2 °C) 1241 664 1295 1448
Heat exchange area (per shell), (m2) 1133 1294 2597 1857
Pressure drop (shell-side), (kPa) 148 149 172 205
Pressure drop (tube-side), (kPa) 105 70 122 13
Shell type U-shell U-shell TEMA E TEMA F
Baffle type double- double- single- double-
segmental segmental segmental segmental
Total number of shells, (-) 1 1 1 1
Heat exchanger cost, (k €) 1019 1267 1437 568

Table 3.5: Proposed design of the heat exchangers for the SG layout with two train.

Parameter Superheater Reheater Evaporator Preheater
Shell diameter, (mm) 600 731 1169 1066
Baffle cut, (%) 28 22 28 26
Baffle spacing, (mm) 443 228 470 515
Tubes ext. diameter, (mm) 12.7 254 15.9 12.7
Tubes int. diameter, (mm) 9.4 21.2 12.2 9.4
Tube pitch, (mm) 19.0 31.8 19.9 19
Tube layout, (%) 30 30 30 45
Tube passes, (-) 1 1 2 2
Tubes number, (-) 731 412 1396-U 1088-U
Tube length, (m) 20.19 22.35 9.32 9.71
Shell thickness, (mm) 9.5 12.7 12.7 159
Tubesheet thickness, (mm) 146 134 271 207
U-tube minimal radius, (mm) 441 849 40 38
Mass flow (tube-side), (kg/s) 43.46 39.35 305.37 43.46

Mass flow (shell-side) ), (kg/s) 195.22 91.65 286.87 286.87
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Flow velocity (tube-side), (m/s) 18.70 23.70 2.68 0.76

Flow velocity (shell-side), (m/s) 0.47 0.44 0.50 0.66
Convective heat transfer coefficient (tube-

side), (W/m2 °C) 5088 1216 28370 8368
Convective heat transfer coefficient (shell-

side), (W/m2 °C) 4499 3324 3716 4382
Fouling resistance (tube-side), (°C m2/W) 8.825e-5 8.825e-5 2.647e-04 8.825e-5
Fouling resistance (shell-side), (°C m2/W) 8.825e-5 8.825e-5 8.825e-5 8.825e-5
Overall heat transfer coefficient, (W/m2 °C) 1341 648 1247 1544

Heat exchange area (per shell), (m2) 524 662 1347 871
Pressure drop (shell-side), (kPa) 146 149 119 199
Pressure drop (tube-side), (kPa) 253 70 133 18

Shell type U-shell U-shell TEMA E TEMA F
Baffle type double- double- single- double-

segmental segmental segmental segmental
Total number of shells, (-) 2 2 2 2
Heat exchanger cost, (k €) 1355 1886 1534 509
Table 3.6: Proposed design of the steam drums.

Parameter One Train Two Trains
Drum cost, (k€) 201 193
Drum diameter, (mm) 1799 1272
Drum wall thickness, (mm) 111 79.4
Drum length (m) 9.00 6.36
Number of drums, (-) 1 2
Riser diameter, (mm) 150 147
Riser wall thickness, (mm) 6.4 6.4
Number of risers (per drum), (-) 24 13
Downcomers diameter, (mm) 428 445
Downcomers wall thickness, (mm) 6.4 6.4
Number of downcomers (per drum), (-) 2 1

3.6. Conclusions

In this Chapter, the design of the heat exchangers of the steam generator for a
110MWe solar power tower plant is presented. A methodology to optimize the
evaporator pinch point temperature difference is proposed considering several costs
associated with the performance of the whole system.

An optimization method based on genetic algorithms is also proposed to find
economic and feasible heat exchanger designs. This is made following TEMA
standards, ASME Pressure Vessel code and the good practice recommendations of

several references. A thorough mechanical design is performed considering thermal
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stresses on tubesheets and U-bends. Furthermore, a vibration analysis is carried out to
assure the safe operation.

The cost analysis shows lower annual costs (capital and operation) for the forced
circulation evaporator comparing to the natural circulation design. The forced
circulation evaporator is also preferred because this design may lead to shorter start-
up times. An approach point temperature difference analysis is carried out in order to
avoid subcooled flow boiling in the preheater. Then, lower cost materials could be
used in the preheater reducing in this way the capital cost.

The final steam generator design consists of: U-shell design for superheater and
reheater, TEMA E shell for evaporator and TEMA F shell for preheater. The TEMA E
shell in the evaporator provides a good solution to reduce the thermal stresses in
tubesheet and U-tube. Two steam generator layouts are studied: with one or two
trains of heat exchangers. The results show that the global optimum of the evaporator
pinch points are 2.6 °C and 3°C for the steam generator with one and two trains,

respectively, while their respective capital cost are 4.3 M€ and 5.3 ME€.

Nomenclature

Abbreviations

B & W : Babcock and Wilcox.

CT : cold tank.

CSP : concentrating solar plants.
ESDU : engineering science data unit.
EV :evaporator.

FW : feed water.

GA : genetic algorithm.

HEN : heat exchanger network.

HP: high pressure.

HPT : high pressure turbine.

HRSG : heat recovery steam generator.
HTF' : heat transfer fluid.

HT : hot tank.

Hx : heat exchanger.

LP:low pressure.

LPT :low pressure turbine.
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MSEE : molten salt electric experiment.
OSV : onset of significant voids.
PH : preheater.

REC : receiver.

RH : reheater.

SAM : system advisor model.

SG : steam generator.

SH : superheater.

SPTP : solar power tower plant.
TAC : total annualized cost (€/year).
TES : thermal energy storage.

Symbols

A : heat transfer area (m?).

B : baffle cut (-).

C : cost (€).

Cp : specific heat capacity (J/kg °C).
D : diameter (m).

H , - annual plant operation time (h/year).
K : resistance coefficient (-).

L :length (m).

L, :baffle spacing (m).

L, : tube pitch (mm).

N, : number of baffles (-).

N,,, : number of hot starts.

N :number of warm starts.

warm

Nt

» : umber of tube passes (-).

N, : number of tubes (-).

N, : number of shells (-).

P : pressure (Pa).

O : heat (W).

R : fouling resistance (°C m¥W).

R .. : U-tube minimal radius (mm).
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S : stream flow area (m?).

T : temperature (°C).

U : global heat transfer coefficient (W/m? °C).
W : weight (kg).

h : convective coefficient (W/ m? °C) or .
i : specific enthalpy (J/kg).

[ : tubesheet thickness (mm).

m : mass flow rate (kg/s).

pc : penalty coefficient (-).

q,,: local heat flux (W/m?).

t_: shell thickness (m).

V:velocity (m/s).
x : vector of optimization variables (-).

y : vector of feasible constraints (-).

Greek Symbols

AS,_, : hot and cold leg overhand difference (mm).

n: efficiency (-).
6,, : tube layout (°).
p : density (kg/m?).

@, : viscosity correction factor (-).

Subscripts

dc : downcomer.
7 : riser.

S : shell.

sa: salt.

sat : saturated.
sub : subcooled.
t: tube.

t1 : inside of tube.
w: window zone

X : cross-flow zone.
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4.1. Abstract

In solar power tower plants, high operating temperatures of the working fluids
are combined with daily start-ups and shutdowns. An important challenge for
concentrating solar plants comes from the increasing of the flexibility by means of
faster start-up and/or load changes. These operating conditions may lead to high
stress in thick-walled components and may also lead to eventual material failure. For
these reasons, a dynamic analysis is mandatory to assure the life-time of the steam
generator.

In this Chapter, different transient models are developed to analyze the dynamic
behavior of a steam generator based on conventional shell and tube heat exchangers.
The transient stress models are specially focused on the most critical parts of the shell
and tube heat exchangers: tubesheet and tubesheet junction. Two start-up initial
conditions are analyzed, obtaining the main input variables to operate the steam
generator within the allowable stress limits. The first initial condition assumes a non-
isothermal temperature profile of the heat exchangers at the beginning of the start-up,
whereas the second initial condition assumes an isothermal temperature profile of 290
°C. The first condition takes around 50 min to reach nominal conditions requiring 600
tons of hot salt, whereas the second condition takes around 110 min requiring 716

tons.

4.2. Introduction

Concentrating solar power (CSP) plants with thermal energy storage (TES) system
enhances the possibility to participate in grid balancing services [1]. In this way, these
plants may be considered as dispatchable and therefore, an improvement of the
flexibility by means of fast start-ups and/or load changes may lead to additional
revenues [2]. Moreover, fast start-ups are specially interesting for CSP plants due to
the increase of the annual electricity production [3,4]. However, the start-up and/or
load changes ramps are limited by the thermal stresses in thick-walled parts of the
steam generator (SG) and/or the steam turbine. These thermal changes may produce
fatigue and/or creep damage in the SG [5]. For this reason, a considerable effort
should be made to develop dynamic models that consider their operational life-time
of the materials. These models allow the study of different strategies to operate the
plant on the safety-side while saving energy during the start-up and shutdown
processes.

One of the main features of the solar power tower plants (SPTPs) is the higher

operating temperatures compared to parabolic trough and linear Fresnel plants [2].
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This leads to an increment in the thermal efficiency of the power block, which also
reduce the specific costs. Examples of the feasibility of SPTPs technology are
Gemasolar or Crescent Dunes. However, other technologies, such as fire-boilers or
combined-cycle plants (CCPs), work at similar temperatures to SPTPs. The main
difference between conventional and SPTPs appears in the SG. The heat exchangers of
the SG are based on conventional shell and tube designs. These heat exchangers are
sized by means of analytical methods proposed by TEMA standards [6] and/or ASME
code Section VIII-Div1 [7] considering continuous operation at nominal conditions [8].
As in SPTPs the SG will be operated with daily start-up, load change and shutdowns,
a transient stress analysis is required. Nevertheless, no specific guidelines are showed
in TEMA standards [6] and/or ASME Section VIII-Div1 [7] for complex zones, such as
the tubesheet, when: transients thermal loadings occur [9], temperature gradients on
the junction appear [10] or the tubesheet has a non-standard design [11]. Therefore,
these issues must be accomplished by finite element analysis or complex analytical
methods to obtain accurate results.

Start-up and shutdown operations become critical for getting operational
flexibility. Such adaptability is critical for the necessary adaptation of the power
production to the grid demand. In this line CCPs has become an invaluable thermal
power plant technology found in conventional power generation mix, providing both
the power generation flexibility and the energy security to grid balance services. The
reliability of the CCPs lies on the corresponding dynamical response of the heat
recovery steam generator (HRSG) system, which exhibits remarkable operational
similarities with the SGs found in SPTPs. In recent years, many efforts have been
made to develop simulation models focused on the dynamic behavior of the HRSG
that can be useful for the development of SGs of SPTPs. This interest is mainly
motivated by the liberalization of the electricity market and the introduction of the
renewable energies which are driven to the need of improving the operational
flexibility of CCPs [5]. For example, Kim et al. [12] developed a HRSG model based on
lumped capacitance method. A cold start-up procedure is studied to keep the thermal
stress of the steam drum within the permitted limits by means of the exhaust gas
turbine bypass. Mertens et al. [13] performed a transient model of HRSG using Apros
software tool [14] to compare the dynamic performance of natural circulation drum-
type HRSG with once-trough type HRSG. Their results show that the once-trough
type achieves nominal pressure conditions slightly faster than drum-type.

Focusing on the CSP plant simulation, the dynamic behavior of the SG has been
addressed in different studies. For instance, Heiko et al. [15] presented a parabolic
trough CSP plant model using Dymola software tool [16]. They studied hot and warm
approaches for the power-block start-up. Although, the main thermodynamic

variables are shown, the technical constraints used for SG, such as stresses or
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temperatures differences, are missing. Foster Wheeler [17] presented a detailed study
about design and performance of molten salt SG for SPTP. Start-up and load-change
procedures were described considering several initial conditions. However, in [17] a
fixed pressure turbine operation is assumed for all SG operations conditions. While in
the recent years sliding pressure turbine operation has been established due to
different advantages in control and efficiency under part-load conditions [18].
Pacheco et al. [19] described different procedures for daily start-up and shutdown
operations on the SG based on the experience of the SPTP experimental facility "Solar
Two". Problems related to salt freeze in evaporator, due to the low inlet temperature
in the start-up, lead to add an additional start-up feedwater to assure safe operation
of the SG.

In this Chapter, the transient dynamic response of the SG of a STPT is modeled in
order to analyze its start-up process. As the temperature and stresses are decoupled,
the model first calculates the temperature changes in the heat exchangers and steam
drum during the start-up. Then, the model computes the stress values on the critical
components of the heat exchangers, such as tubesheet and tubesheet junction, in order
to work below the maximum stress limit. European standard EN 12952-3 [20] is used
to estimate thermal and pressure stresses on the superheater head and the steam
drum. In order to adjust the dynamic response to the start-up requirements, a control
loop has been designed. Two different initial conditions are analyzed for the start-up,
taking 50 minutes to start-up for non-isothermal conditions and 110 min for

isothermal conditions.

4.3. System description

A 110 MWe power block subcritical Rankine-cycle with regeneration is selected to
model the SG system of the SPTP. The plant is composed mainly by four sub-systems:
solar field, storage system, steam generator and power block. In the solar field
thousands of heliostats reflect the Sun on a central receiver. The heat transfer fluid
(HTF) is molten-salt, which is heated up from 290 °C to 565 °C in the solar tower
receiver. A storage system formed by two tanks (one hot and one cold) stores and
delivers the energy captured by the solar field in a controlled way. The steam
generator system includes a superheater (SH), reheater (RH), evaporator (EV) and
preheater (PH). The hot salt is sent to the SG where the thermal energy is transferred
to produce main and reheated steam. Additionally, the SG includes, among others,
feedwater pumps, hot salt pumps, the steam drum, supporting systems, etc. The heat
exchanger design for the SG proposed in Chapter 3 is chosen for the dynamic
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analysis [21]. The main subsystems of the SPTP are represented in Figure 4.1, it
includes the main design parameters used in the start-up procedures studied.

Solar Field Storage System Steam Generator Power Block

oo = 575 ks Mygaam = 78.7 kgls
Tose = 565°C steam = 1O-

My = 86,92 kgls
Tooar = 550°C

BH | P = 126 MPa "
Wr= 110MWe

Prono = 78107 MPa

Figure 4.1: Schematic of SPTP.

In the heat exchangers of the SG, the molten salt is placed on the shell side and the
steam/water flow is placed on the tube side because of the high steam/water pressure.
Firstly, the PH, which consists of a U-tube/TEMA F shell heat exchanger type, heats
the feedwater up to saturation conditions. The EV consists of a U-tube/TEMA E shell
type where the inlet salt nozzle is put far from the tubesheet to minimize its thermal
stress. A forced circulation evaporator system is chosen to increase the operability in
the start-up process [22]. The steam drum is arranged horizontally to reduce the
steam velocity and improve the water droplets separation through the action of
chevrons. Finally, the SH and RH are counter-current U-shell/U-tube heat exchangers.

The intermittent operation of the SG of SPTPs can produce fatigue damage due to
the cyclic stress. Furthermore, the high temperatures and the potential impurities of
the molten salt in a industrial-grade process may lead to stress corrosion cracking
damage. Therefore, the material selection is one of the most critical point to assure the
reliability of the heat exchangers. Kelly [23] recommended stainless steel Gr347 or
321 for the hot salt piping according to the Solar Two operating experience. Following
this recommendation, the materials selected for the SG are shown in Table 4.1.
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Table 4.1: Selected Materials for the main SG components.

Component Shell, channel and tubesheet Tube
Preheater A516, Gr. 70 A210, Gr. Al
Evaporator A387, Gr. 91 A213, Gr. 347
Superheater A240, Gr. 347 A213, Gr. 347
Reheater A240, Gr. 347 A213, Gr. 347
Steam Drum A516, Gr. 70 -

4.3.1. Turbine operation modes

The efficiency of thermal power plants can be increased changing form fixed to
sliding pressure operation mode [18]. The main advantages of the sliding operation
mode are the reduction of the power pump consumption and the efficiency increment
of the SG because of the increment of the mean temperature difference in the heat
exchangers. An additional benefit of the sliding operation mode is the reduction of
throttling losses of the turbine, which may lead to a higher turbine power output
under part load operation. However, the fixed pressure mode has the advantage of
preventing the potential risk of salt freeze in the evaporator, since the minimum
temperature assumed is 290 °C, the minimum pressure is 7.4 MPa. In this Chapter,
both fixed and sliding operation models are used for the start-up conditions analyzed.
When the steam turbine is operated from 0% to 50% of load, a fixed pressure mode is
used. From 50% to 100% load a sliding pressure mode is assumed.

The power block transient operation is modeled as series of steady-state
conditions. The model provides the temperature, mass flow rate and pressure of the
main inputs of the SG (the feed water and reheat inlet steam) and the turbine power

output for design and part-load conditions.

4.3.2. Control system

The control system is aimed to guide a stable simulation of the SG transient
response during the daily start-up operation. A schematic of the control system used
during the simulations is shown in Figure 4.2. This control scheme is adapted from
the control system proposed by [17] .The control valves shown in the diagram
identify the flow streams that can be regulated during the start-up operation. The
control system is important to solve the proposed transient models applied to the two
daily start-up procedures studied. Otherwise, it would not be possible to capture the
dynamic behavior of the SG system [24]. A PID control strategy has been chosen to
guide the start-up process. As it is shown in Figure 4.2, excepting for the drum level,

which is driven by a proportional action (P), most of the manipulated variables are
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operated with proportional and integral actions (PI) in accordance with the proposed
start-up scenarios. The controlled variables of the SG are the salt and steam
temperatures, the steam flow rate, the steam pressure and the steam drum water
level. The manipulated variables are the mass flow rate of the salt, the steam flow, the

SH and the RH attemperation systems and the variable-speed salt pumps.
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Figure 4.2: Schematic of SG and control system.

The SH and the RH attemperation systems keep constant the inlet temperatures of
the high pressure (HP) and low pressure (LP) turbines against transient disturbances.
This procedure reduces the fatigue damage of the HP/LP turbines. As can be seen in
Figure 4.2, the SH attemperator is placed at the inlet and outlet, whereas the RH
attemperator is only placed at the inlet [17]. The attemperator placed at the inlet of the
heat exchangers ensures that the steam is free of water droplets and a better control of

the thermal shock of the pipe walls [25]. In contrast, the attemperator placed on the
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outlet of the heat exchangers provide a direct control with no time lags [26].
Furthermore, the attemperation steam flow is limited to 8% of the total flow [25].

Besides of the attemperation system, the SH and RH outlet temperature is also
regulated by salt mass flow valves. The salt flow rate changes under part-load
conditions, making necessary a SH-RH salt by-pass line to send the salt excess flow to
the EV. This line increases the evaporator heat duty and the pressure in the steam
drum, which may produce an increase in the steam flow rate if the throttle valve
position does not change.

The proposed system checks the temperature difference between the salt outlet
and the steam inlet in the SH and RH, controlling the salt valves. In this way, the
lower tubesheet of the SH, which is a potential critical part, works in allowable stress
ranges.

The steam drum pressure control depends on the turbine operation mode. For
fixed pressure mode, the by-pass salt valve control sends extra salt flow rate to assure
the minimal steam drum pressure. When the turbine is operating on sliding pressure
mode, the steam drum pressure is automatically regulated by the saturated steam
outlet. Furthermore, the steam drum level is kept into suitable ranges by means of the

feedwater mass flow rate using a proportional control system.

4.3.3. Start-up initial conditions

Two initial conditions are considered for the heat exchangers of the SG at the
beginning of the start-up process, which are: daily non-isothermal initial conditions
[17] and daily isothermal initial conditions [19]. The salt temperature profiles of the
SG are shown in Figure 4.3 for both starting procedures and for full load conditions of

the plant.
¢ Daily start-up with non-isothermal conditions

The heat exchangers of the SG are closed after the night shutdown and thermally
isolated to reduce the heat losses [17]. As they are filled with hot salt, each heat
exchanger has different temperatures. This procedure was proposed by Foster
Wheeler assuming non-isothermal initial conditions on a daily start-up [17]. The
initial temperature profiles of the heat exchangers at the beginning of the daily start-

up are calculated from the night shutdown condition, which corresponds to fixed
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Figure 4.3: Salt temperature profiles in SG.

pressure operation mode at 25% of load with a steam drum pressure of 7,4 MPa and a
saturation temperature of 290 °C. These conditions are set as freeze salt protection
point and correspond to the fixed turbine operation mode. A temperature difference
is subtracted for each heat exchanger following the cooling rates published in [17] due
to the night cooldown period. It is assumed 8 hours of cooldown time and the
longitudinal heat conduction of the salt is neglected. The feasibility of this approach is
ensured by a salt freeze protection system that consists on an electric heat tracing

system in the SG.
e Daily start-up with isothermal conditions

A different strategy is followed by the Solar Two for a daily start-up in which the
cold salt circulates during the night through the SG [19]. The SG temperature is kept
constant to 290 °C at the beginning of the daily start-up. This procedure compensates
the energy losses from the heat exchangers to the ambient and the energy required to
heat-up the feedwater. However, more energy is needed to heat-up the feedwater
than to compensate the energy losses. On the one hand, the energy losses during the
night are small due to the good insulation systems of the heat exchangers. On the
other hand, a high energy is needed to keep the water level in the evaporator to



SG daily start-up for SPTPs 96

compensate the steam leakage through the pressure relief valves and the water
blowdown.

In contrast, considering the Foster Wheeler [17] approach the SG heat exchanger
filled with salt achieve the isothermal condition as a result of few days without SG
operation. The salt freeze protection system is provided by electric heat tracing to
keep the temperature not less than 290 °C in whole SG system. It should be mentioned
that Foster Wheeler approach is considered for a 100 MWe plant, whereas the Solar
Two approach is considered for a 12.5 MWe plant.

It is worth to mention that other heat-up systems were considered in Solar Two
for heat exchangers and salt pipe lines: electrical heat tracing or intermittent operation
of the salt circulating pumps [45]. The first approach results in a higher energy
consumption that the second approach. However, the intermittent operation requires
a high number of measurements in the flow circuit and even it does not avoid the
potential salt freeze due to measurements failure. Moreover, the intermittent
operation on the salt circulating pumps may lead to a fatigue failure. Finally, the
overnight temperature control of the SG (heat exchangers and pipe lines) is made by

continuous operation of both electric heat tracing and cold salt circulating pump.

4.4. Modeling and validation

This section describes the models used to calculate the transient and dynamic
response of the SG the start-up. The models either use the theoretical approaches
proposed in the literature or are developed to reflect the transient response of the SG.
The main goal of the models consists on finding the highest stress values on the SG,
identifying which is the critical part of the heat exchangers. As the stress and
temperature calculations are decoupled, the first step consists on calculating the

temperature profiles of the heat exchangers.

4.4.1. Single phase flow heat exchangers

The SH, RH and PH are modeled as counter-current heat exchangers [27].
Assuming that negligible wall resistance and heat transfer to the outer wall, the heat

balance can be expressed as follows:

oT oT
D,—=+L,—+T, =T, (4.1)
Ot ox
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is the characteristic time.

Cr
where L = h—j is the characteristic length and D = L

The above equation system can be solved numerically using an implicit finite
difference scheme. Other option to solve the equation system above can be adopted
by means of the method proposed by Ansari and Mortazavi [28]. This method is
based on the analytical solution of Equations 4.1 and 4.3 assuming that the wall
temperature variation is a first order system for one cell. Then, the analytic solutions
are used to obtain the outlet temperatures on each cell. Figure 4.4 shows the
comparison of the solutions for different heat capacities of the metal wall by analytical
and numerical approaches. The results show that numeral solution presents similar
values to the analytical model, and thus, the numerical model is employed in this
Chapter. The heat exchangers are discretized along the tube length at least to the
baffle spacing (Table 3.4). The time step is calculated to fulfill the Courant condition.
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Figure 4.4: Response comparison between numerical and analytical methods for a
temperature step change in the hot fluid: a) cold fluid outlet and b) hot fluid outlet.
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The fluid properties are calculated in each time step. The heat transfer coefficient
on the water/steam side in PH, SH and RH is calculated according to Gnielinski

correlation [29]. The heat transfer coefficient on the shell side is calculated using;:

. 0.6
m
ho=h, | —= (4.4)
l Mo

where £, is the heat transfer coefficient of the shell at nominal conditions, which is

calculated as function of the heat transfer coefficient in the cross-flow zone using the
Colburn correlation [30] and heat transfer coefficient in the window zone using the
Singh et al. [31] correlation. Both are weighted considering their respective heat

transfer areas.

4.4.2. Two phase flow model for evaporator and steam

drum

A mathematical model is proposed to estimate the dynamic behavior of the
evaporator and the steam drum [12,32]. The thermal inertia of the water/steam
mixture and the metal mass are considered. The metal wall temperature of the
evaporator and steam drum is assumed to be equal to the steam/water mixture, i.e.,
the saturation temperature. Similarly, the steam outlet enthalpy is assumed to be
equal to the vapor enthalpy. The mass and energy balances in the evaporator-drum

control volume leads to the following Equations 4.5, 4.6 and 4.7.

dipV,) dpJV,) .
+ =m

L=, 4.5)
dt dt
d V d V dT
W), A M)y ¢ Dime i i v, i (4.6)
dt dt dt o o o
i, =i, =h, AT, -T. ) 4.7)

The saturated water and steam properties are calculated using XSteam tool [33].
The equation system presented above is valid to calculate the dynamic behavior of the
steam drum pressure. However, in order to calculate the dynamic behavior of the
steam drum water level two additional equations are needed [32]. The first equation

is obtained from an energy balance in evaporator. In order to avoid the use of partial
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differential equations and simplified the calculations, a lumped parameter model is
used to describe the dynamic behavior of the tube bundle of the evaporator. The
second equation is obtained by a mass balance on the steam under the liquid level of
the steam drum. Finally, a non-linear equation system formed by four equations is
obtained, which is solved by explicit scheme using Runge-Kutta method. A time step
of 1 second is used to ensure the numerical stability. Figure 4.5 shows the model
response for different two step disturbances [32]. Figure 4.5 shows the model
response for a heat step of 10MWth. As expected, the heat step result in an increase of
the steam mass fraction (Figure 4.5c), which lead to a pressure increase (Figure 4.5a).
The pressure raise increases the steam condensation leading to an increment on the
water volume (see Figure 4.5b). From the drum level control point of view, the
complexity of the two-phase problem is illustrated in Figure 4.5d. Initially the drum
level slightly increases due to steam condensation produced by pressure increment
and later decreases because the reduction of the steam volume.
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Figure 4.5: Response of the system for a heat step of 10 MWth: a) steam drum
pressure; b) total water volume ; c) evaporator outlet steam mass fraction; d) steam
drum level.
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4.4.3. Stresses on steam drum and SH header

A widely used methodology to estimate the maximum heating rates of thick-
walled components is proposed by European standard EN 12952-3 [20], in which
several concentration factors for different geometries, connections shapes and
loadings can be found. Usually, in conventional boilers the limiting components are
the heads of SH and RH, the steam drum, and the T and the Y shaped junctions of
steam pipelines [8]. The total tangential stress is calculated combining pressure and

thermal stresses using their respective concentration factors:

E
c=c'+o"=a 2 prallq 1) 4.8)
2t v

J t ave su
j 1-

where T, is the metal average temperature and 7, is the inner surface temperature.

The thermal concentration factor (¢, ), is function of the working fluid (steam or

water) and the diameter ratio between the main component and the outlet/inlet

pipeline. The pressure concentration factor (¢, ) mainly depends on the ratio between

the diameter and thickness of the main component and the outlet/inlet pipeline.
According to Taler et al. [34] two points should be considered in a T-junction
connection, as shown in Figure 4.6. This method is used to estimate the stress on the

T-junction formed by steam drum-downcomer junction and SH head-nozzle junction.

Figure 4.6: Tjunction points selected.
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A transient temperature model is performed to estimate the average and inner
metal wall temperatures for the steam drum and the SH head (Equation 4.9). The
model considers that the temperature varies only in the radial direction. A heat
transfer boundary condition is used in the inner surface, whereas an insulated

boundary condition is considered in the outer surface.

Le(, o) Lot

.

r or or a ot

T(r0)=T,
or

S ST -T (1) (4.9)
orl,, ’

or

LA -

or

r=r,

The above equation is solved numerically using the Crank-Nicolson method. The
wall thickness is discretized along the radial coordinate to obtain increments not
higher than 5-10® m. The time step is calculated according to von Neumann stability
criterion. The Once the radial temperature distribution of the metal wall is known, the

average wall temperature is calculated according Kim et al. [12].

4.4.4. Stresses on tubesheet

One of the most critical parts of the shell and tube heat exchanger is the tubesheet
due to its complex geometry [35]. Tubesheet design calculations, for heat exchangers
in standard industrial applications, are typically performed according ASME Section
VIII-Div 1 or/and TEMA standards [6]. However, no specific guidelines are showed in
TEMA standards or/and ASME code for complex loadings such as transients thermal
loadings [9] or thermal gradient on the junction behavior [10]. For this reason, the
method proposed by O'Donnell et al. [36] is used for the tubesheet stress calculation.
A schematic of the main tubesheet zones is illustrated in Appendix B.

The main equations for the stress calculations proposed by O'Donnell et al. [36]
are shown in Table 4.2. On a first step, the effective elastic constants, which are
function of the ligament efficiency and the tube pitch layout, are calculated. On a
second step, the pressure stresses are calculated considering an equivalent solid plate
[37]. The ligament stress is calculated combining the pressure stress using Equation

4.10 and the thermal stress using Equation 4.14, considering their stress sign. A
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considerable temperature difference in no-tube-lane zone is found in PH, therefore

the stress must be calculated using Equations 4.15 and 4.16.

Table 4.2: Main equations for stress calculations proposed by O'Donnell et al. [36].

Load Stress intensity Equation
Pressure and thermal Average across ligament at either surface R
oy =K o] 10)
of plate h
Pressure Average across ligament and through Rl ( APrY: 5
; Sy=—||—| +(o,) |4.11)
thickness 7\ "
Pressure and thermal Peak in ligaments O =Y0, + P (412)
Pressure and thermal Peak at perforations adjacent to rim o,..=Ko, +P(413)
Thermal (skin effect) Peak at surface EBT,,-T,)
O =————— (4.14)
I-v
Thermal (temperature Peak in ligaments K.E (T, -T.)
difference across no-tube-lane T = (4.15)
zone)
Thermal (temperature Peak at holes adjacent to no-tube-lane K EB(T, -T) 416
difference across no-tube-lane  zone ™ (1-v) (4.16)
zone)

e Thermal tubesheet ligament analysis

Under start-upstart-up conditions, the Biot number varies from 0.03 to 0.25 in the
surface of the tubesheet ligament. When Biot number is higher than 0.05 in cylinders,
the transient conduction analysis would be convenient [38]. Assuming an equilateral
triangle pitch layout, an isolated cylinder is analyzed as is shown in Figure 4.7. The
calculation of the transient temperature field of the simplified tubesheet ligament
model is calculated using Equation 4.17. Symmetric boundary conditions are
considered for the outer wall of the simplified ligament model. The boundary
conditions used on tube, head and shell side are described in Figure 4.7.

The Equation 4.17 is discretized in a grid of nodes where the radial and axial
increments are not higher than 510 m. The Equation 4.17 is solved numerically by
time implicit finite difference scheme. An example of the transient temperature field

evolution on the tubesheet ligament is shown in Figure 4.8, for a temperature step of

35 °C on the shell-side fluid. At this point, the surface temperature (1), ) and average
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wall temperature (TM) are known, and then, the thermal stresses on the tubesheet

ligament can be calculated using Equation 4.14. This approach guarantees a
conservative calculation because it is assumed that the tubesheet has perfectly

clamped edges.

Figure 4.7: Tubesheet ligament boundary conditions.

10 or o°’T 10T
__(r_)+ -2 (4.17)
or

r or 0z’ a Ot

e Tubesheet junction

According to Soler et al. [39] three tubesheet junctions types are possible: two side

gasketed, two side integral and one side integral with other side gasketed. In this
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Chapter, an integral junction type is considered for both head and shell side. The
stresses on the junctions of the tubesheet are normally estimated using Finite Element
Analysis (FEA) because of the complex geometry of the head [35,40]. FEA is out of the
scope of this work since the goal of this analysis is to develop low-time consuming
simplified-models. Therefore, an analytical model is proposed to estimate the stresses
of the tubesheet junction. A schematic of the head-tubesheet-shell junction forces and

moments is shown in Figure 4.9. The displacements and forces can be related as a
function of their respective stiffness as: F/ :Kj X, or x, =Kj'lF/. =K 'j. F, . Then, the

problem can be written in matrix form and the displacements of the shell and the
head can be calculated using Equation 4.18. The displacements of the tubesheet are
calculated using Equation 4.19.

Time=10sec  Time=100sec Time=200sec Time=400sec T[°C]

I_ZI ! !
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Figure 4.8: Transient temperature field in tubesheet ligament zone.
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Figure 4.9: Schematic of the head-tubesheet-shell junction forces.
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The stiffnesses K, for a cylinder and solid disk for pressure and thermal loads are

calculated according to [41-42]. The stiffness of the tubesheet is modified as an
equivalent solid plate using the equivalent elastic modulus and poison coefficient as
function of the ligament efficiency and pitch layout according to ASME code [7]. In a
first step, the free displacements ( Vs 6’/. ) on the tubesheet, head and shell are

calculated only considering the pressure and thermal loads, i.e. without the
interaction of the moments and forces. On a second step, the moments and forces are

calculated to achieve the compatibility of the displacements.
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e Thermal tubesheet junction analysis

A numerical model based on Equation 4.17 is also carried out to calculate the
transient temperature field on the tubesheet junction. The Equation 4.17 is discretized
in a grid of nodes where the radial and axial increments are limited to 102 m. A
schematic of the boundary conditions is shown in Figure 4.10. An example of the
transient temperature field evolution on the tubesheet junction is shown in Figure 4.1,
for a temperature increment of 150 °C on shell and tube -side fluids. As can be seen
the transient effect or characteristic time is longer for tubesheet junction than
tubesheet ligament. This leads to higher variations between peaks and valleys on

thermal stresses during the start-up or load change processes.
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Figure 4.10: Schematic of the tubesheet junction boundary conditions.

The surface wall temperatures depend on the heat transfer coefficient due to the
heat transfer boundary conditions used. The complex estimation of the heat transfer
coefficients on head and shell side, makes necessary to simplify its calculation. On the
one hand, the heat transfer coefficient on the tubesheet of the shell side wall is
calculated as one order of magnitude lower than the cross flow on shell side. On the

other hand, the heat transfer coefficient on the tubesheet of the head side wall is
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considered one order of magnitude lower than the heat transfer coefficient of the tube
side.

The membrane stresses of the head and shell at the junction are calculated using
the equations presented in [42]. Once the moments are known, the bending stresses of
the head and shell can be estimated using Equation 4.20. The stresses at the tubesheet-
head junction are calculated using a conservative approach combining the tangential
head transient thermal stress with the axial head bending stresses using the von Mises
equation [7]. The stresses suffered on the tubesheet-shell junction are calculated
considering only the peak thermal stress by using Equation 4.14.
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Figure 4.11: Transient temperature field in tubesheet junction.
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4.4.5. Stresses on U-tubes
Although U-tube design is used to avoid the differential thermal expansion

between shell and tubes, the thermal stresses in U-bend appear since the tubes are
supported by segmental baffles. As the tubes are not free to expand, the tubes try to
lose their straight shape and produce contacts with the segmental baffles supports,
Figure 4.12. The minimal U-bend radius can be calculated to not overpass the
maximum stress limit working at design conditions. However, this stress level is
strongly dependent of the temperature profiles of the hot and cold fluids along the
heat exchanger, which change during the transient operation. For this reason, a

transient analysis is required for the U-tubes.

Tubesheet

Baffle supports

'ﬁ' H Hot leg "H'
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Figure 4.12: U-tube deformation by thermal expansion.

An analytical model proposed by Singh et al. [43] is used to calculate the thermal
stress on U-tubes. The model can be written as a matrix form based on the stiffnesses
of the U-tubes, which are mainly function of the displacements, baffle spacing, tube
length, modulus of elasticity and moment of inertia. The displacement of the hot leg
over cold leg can be calculated using Equation 4.21, assuming the axial force F = 0.
The problem can be solved by an iterative process until the convergence of the

displacements, forces and moments are reached.

2F
5 = (ﬂho/AT;mt _ﬂ(.‘()ldAY;’)Id )L - EL (421)
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Once the forces and moments are known, the moment function ( M (8) ) in the U-

bend can be calculated. Then, the stress is calculated as follows:

_y M@ 1,

o(0) 7

(4.22)

where i is the stress intensification factor for the U-bend and, 7,is the outer-tube

radius. An example of the SH U-bend thermal stress along the angle & for different
temperature differences between hot leg and cold leg is shown in Figure 4.13. As can

be seen, the maximum stress on the SH U-bend is obtained for 8 =0°.
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Figure 4.13: SH U-bend stress for different temperature differences between hot leg
and cold leg.

4,5. Results

The results of the different start-up conditions considered for the SG are presented
in this section. First, an analysis of the SG performance for two different feedwater
heat-up systems is carried out: i) with water recirculation from steam drum; ii) with

steam recirculation from steam drum using a start-up feedwater heater. Then, the
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results of the daily start-up with non-isothermal conditions and isothermal conditions
are presented. For both starting-up procedures, an analysis of the stresses of the main

components is also presented.

To carry out the dynamic analysis of the SG, all described models are computed
together in order to estimate the stress in real time. Since each model uses different
time steps, a global time step of 15 seconds is chosen to update the calculations of the
different models. A global time step of 30 seconds is set to update the temperature
field calculations of tubesheet ligament and junction to improve the calculation

process performance.

4.5.1. Feedwater temperature

Under start-up conditions, the feedwater heater system is not able to provide the
feedwater at its full-load temperature set point. To solve this issue, a back-up system
such as auxiliary heaters may be installed [44]. In a first step, the feedwater heating-
up system described in [17] is adopted. This procedure basically consists on heating-
up the feedwater at 245°C before to the preheater inlet by mixing hot water from the

drum (290 °C). As can be seen in Figure 4.14-a/b, high water mass flow rate (1

w,rec )
must be circulated from the drum to keep the preheater inlet-temperature set-point.
This high mass flow rate reduces excessively the temperature of the preheater salt

outlet up to (T, =~ 250 °C ), increasing the potential risk of salt freezing. For this

H ,sa,0
reason, a different feedwater heat-up system is needed.

Based on the Solar Two operation experience, Pacheco et al. [19] proposed the use
of a start-up feedwater heater (Figure 4.2), in which auxiliary steam is extracted from
steam drum to heat-up the feedwater. Furthermore, the preheater inlet temperature
set point is increased from 245 °C to 260 °C. This alternative mode is implemented and
the results are shown in Figure 4.14-c/d. As can be seen in Figure 4.14-c/d, the

circulated steam mass flow from the drum (1 ) is considerably lower than the

st,rec

water circulation system (71, ), although the preheater inlet temperature set point

has been increased. Now, the preheater salt outlet temperature is around to (T,

PH ,sa,o -

270 °C, which can be considered as a safe operation.
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Figure 4.14: Feedwater system performance: a, b) without start-up feedwater heater;
¢, d) with start-up feedwater heater.

4.5.2. Daily start-up with non-isothermal initial conditions

For daily non-isothermal initial conditions the heat exchangers of the SG are
closed after the night shutdown and thermally isolated to reduce the heat losses [17].
As they are filled with hot salt, each heat exchanger has different temperatures, as
was described in Figure 4.3.

Figure 4.16 shows the time evolution of the main thermodynamic variables during
the start-up and steady state of the SG. In addition, a schematic of the startup
procedure, where the main steps are described, is shown in Figure 4.15. Both Figures
416 and 4.17 differentiate between the starting-up and nominal conditions by a
vertical line. It is assumed that the TES system has enough energy to initialize the
start-up of the SG.

In a first step, the hot and cold salt pumps provide a mass flow rate of 4% of
nominal flow to SG [17]. The salt is sent to EV at 448 °C by the bypass-line, which is
the design salt inlet temperature. The salt also circulates to the PH. The steam
generated is sent to the start-up feedwater heater, in which the feedwater is heated up

260 °C when enters to the PH. It is assumed that the feedwater available at the
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beginning of the start-up is at 100 °C from deaerator. The steam drum pressure is kept
constant to 7.4 MPa until the turbine achieves the sliding pressure conditions (Figure
4.16-c).

After t = 4 min, the salt is sent to SH and RH at 565 °C (Figure 4.16-a), when the
steam generation is established to 4%. At the same time, the saturated steam from the
steam drum is sent to the SH and the outlet steam is sent to the RH by the SH-RH by-
pass line, where the attemperation system keeps the RH steam inlet temperature at
365 °C. Moreover, an additional valve is used in the SH-RH by-pass line to reduce the
RH inlet pressure in an allowable range. The RH outlet steam is sent to deaerator.
During this process, the salt flow rate is increased to 5%.

When the steam generation is set to 5% and the SH and RH outlet steam
temperature is kept to 496 °C (Figure 4.16-b/d), the steam is sent to HP and LP
turbines, respectively [17]. Then, the SH to RH steam by-pass line is closed. This
process is kept until the turbine synchronization is completed, which takes around 15

minutes [17].

Salt mass flow rate is set to 4%
t=0 min Salt is sent to EV at 4482C and circulated to PH
PH feedwater heat-up to 260°C by steam circulated from drum

v
Salt is sent to SH and RH at 565 2C
Saturated steam is sent to SH and RH

t=4min

t=5min Salt mass flow rate is increased to 5% |

SH and RH outlet steams achieve 496 °C
t=11min SH and RH outlet steams (5%) are sent to HP and LP turbines
Turbine syncrhonization starts

!

Turbine sinchronization completed
t = 24min SH and RH outlet steam temperature is set to 5502C
Salt mass flow rate ramp is set to 5%/min

Salt mass flow achives 50%
t=35min Turbine operation changes to sliding pressure mode
Salt mass flow rate ramp is kept to 5%/min

Steam mass flow achieves 100%

t=50min Start-up is completed

Figure 4.15: Schematic of the procedure of the start-up with non-isothermal initial
conditions.
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At t =24 min, the turbine synchronization is completed and the SH and RH steam
outlet temperature is increased from 496 °C to 550 °C (Figure 4.16-b/d). The salt mass
flow rate is increased by a ramp of 5%/min until 50 % of its nominal value (Figure
4.16-a). At this load point, the turbine is switched from fixed pressure mode to sliding
pressure mode. Now, the salt flow rate ramp is kept to 5%/min until the salt flow rate
reaches its nominal value. At the same time, the pressure on the steam drum start to
raise (Figure 4.16-c), as consequence of the sliding pressure mode the steam mass flow
rate increases too.

Full load conditions are achieved after 50 min. The energy delivered from TES
system and the required mass of hot salt to start-up with non-isothermal initial
conditions is around 70 MWth using 600 tons, respectively. The energy consumption
of the salt pumps is around 45 kWhe.
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Figure 4.16: Non-isothermal start up simulation: a) salt temperature and mass flow
rate, turbine power output; b) SH performance; c) steam drum performance; d) RH
performance.
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Typically, the stress is limited to avoid the material failure along its lifetime
operation. Following ASME code [7], two different mechanisms of damage are
calculated: creep and fatigue. The fatigue damage is related with the magnitude of the
stress cyclic variations, and the number of cycles to failure is computed as function of
the equivalent strain range [7]. The creep damage is function of the stress level and
the temperature. A conservative stress limit equal to 40% of the Ultimate Tensile
Strength (UTS) is imposed. This stress limit value considers both fatigue and creep
damages.

The stress evolution of the SG components is shown Figure 4.17. The stress
evolution can be divided in two groups. Group 1 (Figure 4.17-a/b/c/e/t/g) refers to the
parts where the thermal inertia is significant and therefore a delay is found between
the wall inner surface temperate and the average wall temperature. These stresses are
produced in tubesheet ligament, tubesheet-head junction, tubesheet-shell junction, the
steam drum and the inlet and outlet SH heads. Group 2 (Figure 4.17-d/h) refers to the
parts where that the thermal inertia can be neglected. These stresses are produced in
the no-tube-lane tubesheet zone and U-tubes.

For the non-isothermal start-up, the most limiting stresses are marked with a red
circle in Figure 4.17. These stresses are obtained in the SH lower tubesheet-shell
junction (Figure 4.17-c) when the pressure raises on the steam drum (Figure 4.16-c).
Although the highest stresses are obtained in the SH and RH U-tube (Figure 4.17-h),
these values do not limit the start-up ramp. Firstly, it should be noted that the highest
U-tube stresses correspond to U-tubes with the lowest radius. Secondly, this problem
is independent of the temperature change rate, since it is only function of the
temperature profile state along the heat exchanger. Then, this issue can be solved by
increasing the minimal U-bend radius. However, the most interesting result is that the
SH and RH U-tube are more stressed during part-load operation than during full-load
operation. This result is caused due to the higher temperature differences between the

hot leg and cold leg under part-load conditions.

4.5.3. Daily start-up with isothermal initial conditions

For a daily start-up with isothermal initial condition is considered that, after the
plant shutdown, cold salt is pumped through the heat exchangers during the night. In
this way, the temperature is kept constant at 290°C in the whole SG at the beginning
of the start-up process. The steam drum pressure is kept constant to 7.4 MPa. During
this period the potential condensation of the steam SH and RH should be taken to the
deaerator. A schematic of the start-up procedure and the time evolution of the main

parameters are shown in Figures 4.18 and 4.19, respectively. The isothermal and non-
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isothermal SG conditions have practically the same start-up procedure since both are
considered as a daily start-up, and thus, the turbine inlet conditions are the same.

In a first step, salt is sent to the EV through the by-pass line at 350 °C to start the
heat-up process of the EV and PH. When the steam production is established around
of 4%, the salt and steam valves are opened in the RH and SH. The salt temperature
change rate is set to 150 °C/hr (Figure 4.19-a).

At t = 67 min the SH and RH steam temperatures achieve 496 °C, these steam
flows are sent to HP and LP turbines stages to start the synchronization. At the end of
the turbine synchronization the steam outlet temperatures are increased to 550 °C
(Figure 4.19-b/d). At this point, the salt flow rate is increased by a ramp of 5%/min
until the sliding pressure turbine operation condition is achieved. Then, the salt flow
rate ramp is increased by 5%/min until achieving full-load conditions.

The start-up process finishes after 110 min when full load conditions are obtained.
The energy delivered from TES system to accomplish the start-up with isothermal
initial condition is around 85 MWth whereas the hot-salt mass required is 716 tons.

The energy consumption of the salt pumps is around 53 kWhe.

Salt mass flow rate is set to 4%

Saltis sent to EV at 3502C and circulated to PH

Salt temperature ramp is set to 1502C/hr

PH feedwater heat-up to 2602C by steam circulated from drum

t=0min

t=4min

Salt is sent to SH and RH at 3602C
Saturated steam is sent to SH and RH

t=5min Salt mass flow rate is increased to 5% ]

SH and RH outlet steams achieve 496 2C
t=67 min SH and RH outlet steams (5%) are sent to HP and LP turbines
Turbine syncrhonization starts

Turbine sinchronization completed
t=82min SH and RH outlet steam temperature is set to 5502C
Salt mass flow rate ramp is set to 5%/min

Salt mass flow achieves 50%
t=93 min Turbine operation changes to sliding pressure mode
Salt mass flow rate ramp is kept to 5%/min

Steam mass flow achieves 100%

t=110min | ciartup is completed

Figure 4.17: Schematic of the procedure of the start-up with non-isothermal initial
conditions.
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Figure 4.18: Stress evolution of the main components during non-isothermal start-up:
a) tubesheet ligament stresses; b) tubesheet head junction stresses ;c) tubesheet shell
junction stresses; d) tubesheet no-tube-lane stresses; e) SH inlet head nozzle junction

stresses; f) SH outlet head nozzle junction stresses; g) steam drum downcomer
junction stresses; h) U-tube stresses.
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The stress evolution of the main components of the SG are depicted in Figure 4.20.
As can be seen in Figure 4.20, the highest stress values are obtained in the SH upper
tubesheet-head junction (Figure 4.20-b), the SH lower tubesheet-shell junction (Figure
4.20-c) and the U-tubes in the SH and the RH (Figure 4.20-h).

At the beginning of the start-up, the limiting stress is found in the SH upper
tubesheet-head junction (Figure 4.20-b). Although the salt enters to the RH at high
temperature, the higher thickness of the SH leads to higher thermal stresses in the SH
than the RH. It should be noted that the stress on the SH tubesheet-head junction are
higher than in the ligament. This is caused due to the higher thermal inertia values of
the SH tubesheet-head junction, which leads to higher delay between the surface
temperature and the average wall temperature.
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Figure 4.19: Isothermal start-up simulation: a) salt temperature and mass flow rate,
turbine power output; b) SH performance; c) steam drum performance; d) RH
performance.

When the sliding pressure condition is achieved at t = 93 min, the pressure in the
steam drum begins to increase, and as a result, the stresses on the steam drum and SH

lower tubesheet grow up (Figure 4.20-c). At this point, the SH lower tubesheet-shell
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junction is the most limiting part. Moreover, the transient thermal stresses are higher
in the tubesheet junction (Figure 4.20-c) than in the head at the nozzle point (Figure
4.20-e). This is caused by the higher thickness on the head at the tubesheet junction
than in the head at the nozzle point, which is made to reduce the bending stress of the
heat at the tubesheet junction point. The highest U-tube stress values in the SH and
the RH (Figure 4.20-h) are obtained when the highest temperature difference between
the salt inlet and the steam inlet appear.

As occurred in the non-isothermal start-up, the maximum allowable stress limit of
40% of UTS is overpassed. However, as mentioned before, the stresses of the U-tube
do not limit the start-up ramp, since this problem can be easily solved increasing the
U-bend radius. Other possible solution would be an increase of outside tube diameter

and then, the tube thickness and their stiffness.

4.6. Conclusions

A steam generator off-design analysis for a solar power tower plant is performed.
The steam generator design consists of conventional shell and tube heat exchangers
based on TEMA and ASME standards. Different dynamic models of the main
components of the steam generator are developed to estimate the temperature field
and stresses of the most critical parts of the shell and tube heat exchangers, such as
the tubesheet and the tubesheet junction. The European standard EN 12952-3 [20],
which is normally used for conventional boilers, is used to calculated stress values of
the steam drum and superheater heads. A basic simulation control scheme is applied
to obtain the transient response of the system.

Two start-up strategies are studied. The first one is based on Foster Wheeler
manufacturer approach [17], in which the heat exchanger valves are closed after the
plant shutdown, and thus the initial temperature profile is non-isothermal. The
results show that the steam generator start-up takes around 50 minutes to achieve full
load conditions. A mass of hot salt of 600 tons (70 MWth) and a consumption of 45
kWhe in the molten salt pumps are needed for this start-up.

The second strategy studied is based on Solar Two operating experience [19].
Here, steam-generator temperature profile is isothermal, 290 °C at the beginning of
the start-up. In this case, cold salt is circulated through the steam generator during the
night to reduce the risk of salt freeze. The results show that the steam generator needs
around 110 minutes to achieve full load conditions. A mass of hot salt of 716 tons (80
MWth) and a parasitic consumption of 53 kWhe of the molten salt pumps are needed.

The main input variables, such as the mass flow and the temperature change rates,

are calculated for both strategies to avoid the overpassing of the stress limits on the
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Figure 4.20: Stress evolution of the main components during isothermal start-up: a)
tubesheet ligament stresses; b) tubesheet head junction stresses ;c) tubesheet shell

junction stresses; d) tubesheet no-tube-lane stresses; e) SH inlet head nozzle
junctionstresses; f) SH outlet head nozzle junction stresses; g) steam drum-

downcomer junction stresses; h) U-tube stresses.
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proposed steam generator. In both start-up strategies is found that the most
constrained part of the steam generator is the SH tubesheet junction.

Furthermore, two start-up feedwater heat-up strategies are compared. The first
one is based on water drum recirculation and the second in steam recirculation.
Although the second one needs an additional start-up feedwater heater, the reduction
of the potential salt freeze risk due to the higher outlet preheater salt temperature
may compensate the initial investment. Moreover, high mass flow rates of water are
required in the drum circulation systems to achieve the SG feedwater inlet temperate,

and this may lead to higher operational pump costs.

Nomenclature

Abbreviations

CCPs : combined-cycle plants
CSP : concentrating solar plants.
EV : evaporator.

FW : feed water.

HP : high pressure.

HPT : high pressure turbine.
HRSG : heat recovery steam generator.
HTF' : heat transfer fluid.

HT': hot tank.

Hx : heat exchanger.

LP :low pressure.

LPT : low pressure turbine.

PH : preheater.

REC : receiver.

RH : reheater.

SG : steam generator.

SH : superheater.

SPTP : solar power tower plant.
TES : thermal energy storage.
UTS :ultimate tensile strength.
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Symbols

A : heat transfer area (m?2).

Ac: cross section area (m?).

C ,: : dimensionless thermal capacitance of metal wall (-).
D : diameter (m), characteristic time constant (-).

E : modulus of elasticity (MPa).

F : force (N).

1 : moment of inertia (m*).

K : stiffness (N/m).

K ':inverse of stiffness (m/N).

L :length (m), characteristic length constant (-), level (m).
[,p : tube pitch (mm).

L, : tubesheet thickness (m).

M :mass (Kg), moment (N m).

P : pressure (Pa).

R : radius (m).

R, : radius of a circle circumscribed to outermost tube of a bundle (m).
T : temperature (°C).

T * : dimensionless temperature (-).

V' : volume (m?), vertical force (N).
VI{: turbine power (MWe).

a: thermal diffusivity (m/s?).

h : convective coefficient (W/ m? °C)
i : specific enthalpy (J/kg).

[ : tubesheet thickness (mm).

m : mass flow rate (kg/s).

t: time(s)

[; : thickness of component j (m).
t*: dimensionless time(-).

r: radial coordinate (-).

U : specific internal energy (KJ/kg).
y: vertical displacement (m).

z: axial coordinate (-).



SG daily start-up for SPTPs

Greek Symbols

a, : thermal stress concentration factor (-).
a,, : pressure stress concentration factor (-).
B, : linear thermal expansion coefficient (1/K).

@ : rotation angle (rad), circumferential coordinate (-).
v : Poisson's ratio (-).

p : density (kg/m?3).

a, : stress (MPa).

v : U-tube stress concentration factor (-).

Subscripts

0: nominal conditions.
ave: average.
atemp : attemperator.
b: bending.

cyl : cylinder.

d : drum.

dc : downcomer.
h : head.

1:inlet, inner

m : metal.

0: outlet, outer.
7 : riser.

rec : recirculated.
S : shell.

sa: salt.

sat : saturated.
St : steam.

Su : surface

t: tube, thermal.
tp : tube pitch.

ts : tubesheet.

122
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w: water.
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5.1. Abstract

The thermal stress on thick-walled components, such as tubesheets and steam
drums, limits both the temperature ramp-up rates and the temperature differences
between outer and inner walls. In addition, the cyclic operation of concentrating solar
power plants leads to fatigue damage. For these reasons, a stress analysis of the steam
generator is required to assure its lifetime.

This Chapter investigates the start-up of a steam generator designed for a
parabolic trough power plant. For that purpose, three transient models for steam
generator heat exchangers and steam drum are developed. The stress analysis is
focused on critical parts of the steam generator based on shell-and-tube heat
exchangers such: tubesheets, tubesheet junctions, head-nozzle junctions, steam drum-
downcomer junction and U-bend regions. Moreover, three finite element simulations
are carried out to compute the stress and compare it with the stress calculated by
means of simplified analytical models.

The results show that U-tube tubesheets are exposed to high thermal stresses in
the no-tube-lane zone, especially in the reheater. The steam generator start-up can be
accomplished in around 45 minutes whereas the thermal energy required is 36.4
MWh. Lastly, the TEMA X recirculation evaporator presents a thermal stress

reduction of 35% compared to kettle evaporator.

5.2. Introduction

Concentrating solar power (CSP) plants with thermal storage have become
promising alternative to traditional power plants to generate electricity. To further
enhance the participation of CSP plants in grid regulation services and increase the
annual electricity production, it is necessary to increase their flexibility [1-3]. A
critical component is the steam generator (SG), which provides the steam needed in
the power block to meet the electricity demand. The steam generator (SG) of
concentrating solar power (CSP) plants typically operates in a different way than the
SG of conventional base-load power plants. The cyclic nature of the solar energy may
lead to a high number of start-ups, shut-downs and load changes. This requires a
thorough dynamic analysis to estimate the stresses in order to evaluate the fatigue
damage produced by the cyclic operation. In this way, the stress estimation becomes
critical to quantify the lifetime reduction on the SG components. As a result, an
optimization of the CSP plant operation should take into account the revenues
produced by an increment of the annual production and flexibility, and the increment

of the costs by the maintenance and/or replacement of SG components.
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Several studies can be found about the stress analysis of the start-up of
conventional fired-boiler plants [4,5]. In these plants the steam drums and
superheater (SH) headers are normally considered the most critical parts. The stresses
of these components are typically estimated using EN 12952-3 [6] by means of
simplified analytical models due to their relative low complexity of their geometry.
For example, Taler et al. [7] developed an innovative method to optimize the start-up
of fired-boilers focused on the steam drum stresses. This method consists of the
construction of an analytic stress function of the steam drum by means of finite
element analysis results. Then, the negative thermal stress, which compensates the
positive pressure stresses, can be calculated by using the analytic function. As a
result, a meaningful reduction of the start-up time is obtained. Similar studies about
the dynamic behavior of heat recovery steam generators (HRSGs) of combined cycled
plants (CCPs) are also available [8,9]. However, most of them are focused in the
dynamic modeling and control, where the stress analysis are accomplished using
simplified models or even omitted. As it occurs with conventional fired-boiler studies,
the critical components considered in most of the works about HRSGs are the steam
drum and superheater headers [10,11]. On the other hand, Casella et al. [12]
performed a dynamic simulation of the start-up of CCP focusing on the stresses of the
steam turbine. The results show a significant reduction of the start-up time by
increasing the gas turbine load rates without any significant increment of the rotor
stresses in the steam turbine.

Normally the SG of CSP plants are based on conventional shell-and-tube heat
exchangers as was shown in previous Chapters [13,14]. Widely used methods for the
heat exchanger design are TEMA standards [15] or ASME Section VIII div 1 [16],
which consider continuous operation and do not include cyclic assessment and
fatigue [17]. In addition, these standards do not address specific guidelines for the
stress estimation of typical loads of a SG: thermal loads on U-tube tubesheets [14] and
temperature gradients on the tubesheet junctions [18]. Therefore, in such cases it is
convenient a finite element analysis in order to assure accurate results.

In recent years a significant effort has been made by many authors to study the
dynamic modeling of CSP plants. For example, Hirsh et al. [19] analyzed the energy
required for the start-up of the parabolic trough power plant (PTPP) focusing on the
power block and solar field. Nevertheless, many technical constraints about the
power block start-up (heating up evaporator and superheater, turbine
synchronization,..) have not been considered yet. Ferruzza et al. [2] studied the impact
on the yearly energy production of a PTPP for ramp-up rates on evaporator,
superheater and turbine. The results showed that the optimal range evaporator ramp-
up rates should be in the range from 7-10 K/min. However, the geometry of the SG

components was not considered. Schenk et al. [20] performed a dynamic model of a
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PTPP using Dymola/Modelica environment [21]. They optimized the thermal oil mass
flow rate to be sent to the power block by minimizing the thermal energy required in
the start-up. Although the technical constraints for the SG start-up are not explicitly
shown, a detailed procedure explanation together with the time evolution of the main
thermodynamic variables is available. Foster Wheeler [22] presented a study about
the design and dynamic analysis of molten salt SG for SPTP. Control system details,
several start-up and load-change procedures are described considering different
scenarios.

In this Chapter a dynamic analysis of the SG start-up of PTPP is carried out.
Dynamic models for heat exchangers TEMA F and H, and TEMA X recirculation
evaporator with steam drum are developed. In order to reflect the technical
constraints of the heat exchangers during the transient response, several analytical
models are developed to estimate the stresses on their critical parts: tubesheets,
tubesheet junctions, head-nozzle junctions, steam drum-downcomer junction and U-
bend regions. The analytic stress models are validated using a finite element analysis
software (ABAQUS/CAE software [23]). A PID control system is developed to guide
the SG start-up. Finally, a stress analysis of the SG start-up is performed to check that
the proposed procedure operates the SG within allowable ranges, comparing TEMA X

recirculation and kettle designs for the evaporator.

5.3. Plant description

A PTPP layout similar to the commercial plant Andasol 1 is selected [24]. Figure
5.1 shows the plant layout with the main subsystems: solar field, storage system,
steam generator (SG) and power block. In the solar field the parabolic collector
concentrates the solar radiation to heat-up the thermal oil at around 393°C. The solar
field is sized to obtain a solar multiple of 2. The storage system is formed by two
molten salt tanks (one cold and another hot). The storage system is sized to 7.5 hours
of full load operation of the power block. The thermal energy of the thermal oil is
transferred to molten salt in the oil-to-salt heat exchangers in charging mode. The
flow direction is reversed in discharge mode.

The thermal oil is sent to the SG to produce the high and low pressure steams.
The power block consists of a 55 MWe (gross) turbine with five closed feed-water
heaters (2 high-pressure, 3 low-pressure) and a deaerator. The low-pressure turbine
steam outlet is sent to the condenser where the heat is dissipated providing a pressure
reduction. Table 5.1 shows the main design parameters of the SG and the power
block.
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Table 5.1: Power Block and SG design parameters.

Parameter Value
Steam turbine power 55 MWe
Thermal oil inlet temperature 393 °C
Thermal oil mass flow rate 593 kg/s
Thermal oil outlet temperature 293 °C
Main steam temperature 377 °C
Main steam mass flow rate 61.91 kg/s
Main steam pressure 10.6 MPa
Reheat steam temperature 377 °C
Reheat steam mass flow rate 49.69 kg/s
Reheat steam pressure 18.3 MPa
Feed-water temperature 245 °C
Condenser pressure 0.0078 MPa
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Figure 5.1: Schematic diagram of the PTPP considered.

The methodology presented in Chapter 2 is used to design the heat exchangers of
the SG [13]. The SG is divided into two parallel trains each one formed by: SH, RH,
EV and PH. The thermal oil is placed on the shell-side in SH, RH and PH whereas the
high-pressure water/steam is placed on tube-side. In contrast, the EV flows are set in
the opposite way. PH and SH consist of U-tube/TEMA H shell type heat exchangers.
The TEMA H shell type is selected to provide very low pressure drops on shell-side,



Dynamic analysis of the SG of PTPPs 132

leading to a considerable reduction in the power pump costs. RH consists of U-
tube/TEMA F shell heat exchanger type. TEMA F shell type is selected to provide
high thermal efficiency since the flows are set as a counter-current. Finally, a U-
tube/TEMA X shell type recirculation evaporator with steam drum is selected for the
EV. This design provides different advantages for CSP plants. Since the evaporator is
divided in two TEMA X shell heat exchangers in parallel, the shell diameter is
reduced decreasing the tubesheet and shell thicknesses considerably. Furthermore,
the natural circulation system avoids the operational pump costs on shell-side. TEMA
X shell provides very low pressure drops on shell-side due to the pure cross flow
configuration. The high recirculation ratio avoids the potential fouling on the shell-
side.

As a first option the material selected for the heat exchangers shell, tubesheet and
head was SA-285-C [25]. However, the high thicknesses obtained led to selecting
other material with higher allowable stress limit. The tube and steam drum materials
are selected according to Refs. [14,26]. Finally, the materials selected for the SG are

summarized in Table 5.2.

Table 5.2: Selected Materials for the main SG components.

Component Shell, head and tubesheet Tube
Preheater A266, Gr. 2 A210, Gr. Al
Evaporator A266, Gr. 2 A210, Gr. Al
Superheater A266, Gr. 2 A210, Gr. Al
Reheater A266, Gr. 2 A210, Gr. Al
Steam Drum A516, Gr. 70 -

5.3.1. Power block model

The power block transient performance is modeled as series of steady-state
conditions of different loads. The model provides the temperature, mass flow rate and
pressure of the main inputs of the SG: the feed water and reheat inlet steam. The

model also calculates the turbine power output.

5.3.2. SG control system

A control system is developed to model the dynamic response of the SG during
the start-up operation. This control scheme is based on the control system proposed in
Chapter 4. In Figure 5.2 a simplified scheme of the control system is illustrated. A PID
control is selected to guide the start-up process. It should be taken into account that
the control systems have a great relevance on the dynamic response the SG [28],
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therefore the controller parameters (proportional and integral) are calculated to obtain
realistic response velocities.

The SH and RH outlet steam temperatures are kept under the feasible temperature
range by means of the attemperation control loop. This is made to assure the safe
operation of the steam turbine. The RH attemperation system is placed at the inlet to
avoid wet steam [29]. Moreover, the attemperator flow from the steam drum is
limited to 8% of the total flow [29]. A SH and RH thermal oil by-pass control loop
works to keep the energy balance and avoid the raising of the outlet steam
temperatures. The excess of thermal oil is sent to EV. If the turbine synchronization is
not completed, the steam drum pressure increases and must be regulated by the
steam by-pass line to deaerator. When the turbine synchronization is completed, the
turbine operation is set to sliding pressure mode and the steam drum pressure is
regulated by the steam mass flow inlet. Lastly, the steam drum level is regulated by

means of a proportional controller that sets the feed-water mass flow inlet into the SG.
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Figure 5.2: Schematic of SG and control system.
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5.3.3. Start-up initial conditions

In CSP plants, the heat transfer fluid is typically circulated into the SG during the
night shutdown [30]. Among other reasons, this procedure provides the energy
required to heat-up the feed-water necessary to keep the steam drum level, which has
decreased during the night because of the pressure relief valves and the water
blowdown process. In this Chapter, this methodology is also used and it is assumed
that the thermal oil circulates during the night. As a result, an isothermal initial

condition is assumed for the heat exchangers of SG.
5.4. Methodology

5.4.1. Single phase flow heat exchangers

e TEMA F transient model for RH

A TEMA F shell-type heat exchanger is used for RH. An energy balance for one
cell is made to evaluate its transient response. The following assumptions are made:
the conduction wall resistance is negligible in comparison with the convection
resistance, the longitudinal conduction of the tube wall is neglected, the heat losses to
the ambient are not considered, there is no leakage of fluid or heat through or around
the horizontal baffle and the heat transfer coefficient of both fluids are constant in
each cell. As a result, TEMA F shell is modeled as a counter-current heat exchanger.

Then, the energy balance can be expressed as follows:

oT, oT,
DHTFﬂ+LHTF o + 1 =T, (6.1)
ot ox
Dm a71"1 +Tm — aHTF AHTFTHTF +aﬂ As‘t 7—;1 (5.2)
az a[ITI" A[ITI" + asl A.\‘f
oT, oT,
D,—-L,—+T,=T, (5.3)
SOt S Ox ‘

¢

Cm C
where L =—— is the characteristic length and D= L is the characteristic

ad aA

time. The equations system is solved numerically by implicit finite difference method.

The validation of the finite difference model is carried out by using the analytical
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model results proposed by Ansari an Mortazavi [31] (see Figure 4.4). The analytical
method consists of the analytical solution of the Equations 5.1 and 5.3 considering a

first order model for the metal wall.
e TEMA H transient model for SH and PH

A TEMA H shell heat exchanger is used for SH and PH. A schematic of the TEMA
H shell can be shown in Figure 5.3-a. It can be seen that the TEMA H shell can be
divided into 8 sections, where each one can be classified as counter-current or co-
current heat exchanger. A transient model is proposed to describe the heat exchanger
following the approach shown for RH for counter-current. Different compatibility
temperature equations are added to joint counter-current and co-current parts of
TEMA H heat exchanger. A discretization scheme of the TEMA H shell heat

exchanger is shown in Figure 5.3-b.
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Figure 5.3: Schematic TEMA H shell heat exchanger.
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A comparison of the transient responses of the outlet temperatures between the
TEMA F and TEMA H shell against an inlet temperature step for different wall
capacities is shown in Figure 5.4. As can be seen, the TEMA H shell has a slightly
faster response on the outlet temperature of the hot fluid compared to TEMA F shell,
whereas the transient response on the cold fluid is slightly slower. A higher difference
is obtained on the steady-state outlet temperatures. This makes sense since the
thermal efficiency of the TEMA H is lower than the TEMA F. Note that TEMA F shell

is considered as a pure counter-current heat exchanger in this Chapter.
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Figure 5.4: Transient responses of the outlet temperatures of the TEMA F and TEMA
H shell against an inlet temperature step for different wall capacities.

Note that neither experimental data nor mathematical models have been found to
validate the transient response of the TEMA H shell. For this reason, a steady-state
heat duty balance between the hot and cold fluids is made to validate the model,
obtaining a difference less than 1e-1 W. Moreover, the steady-state temperature has a
close fit to the outlet design temperatures. The steady-state temperature profiles of the
SH are shown in Figure 5.5, where it can be easily check the counter-current and co-
current flow paths formed in the TEMA H shell.

The heat exchangers are discretized along their tube length at least to the baffle
spacing (Table 2.3). The time step is calculated to assure that the Courant number is
less than 1. The properties of both fluids are calculated on each time step. The heat
transfer coefficient on the water/steam side is calculated using Gnielisnki correlation
[32]. The heat transfer coefficient on the shell-side is corrected considering the shell

mass flow ratio to the power of 0.6 [33]. The heat transfer coefficient in nominal
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conditions is calculated taking into account two different zones: (i) cross-flow zone, in

which is calculated according to Colburn correlations [34]; (ii) window zone, in which

is calculated using the correlation proposed by Singh et al. [35].
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Figure 5.5: Steady-state temperature profiles of the SH.

5.4.2.

EV and steam drum are modeled according to

Two phase flow model for EV and steam drum

[36,37]. The model considers the

inertia of the water/steam mixture and the metal mass. Moreover, the model also

assumes that the metal wall temperature of the evaporator and steam drum is equal

to the saturation temperature of the steam/water

mixture. The mass and energy

balances in the control volume on the evaporator-drum lead to Equations 5.4, 5.5 and

5.6. The fluid properties are calculated using XSteam tool [38].
dpV,) d(p,V.
(Z ) + ('DC;’ ) =m, —m, (5.4)
t t
d(p,V.u d(p,V.u :
(p‘;,tw W) + (pﬂd;l Sl) + Mevcm dr:ﬂ = mwhw - mxl h.n + thTF hHTF.i - mHTFhHT} (5.5)



Dynamic analysis of the SG of PTPPs 138
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The model presented above allows the calculation of the transient response of the
pressure and the total water volume although, in order to estimate the steam drum
water level, it is necessary two additional equations [36]. On the one hand, the first
equation is obtained by an energy balance in a volume control located in the tube
bundle of EV under the assumption of a linear distribution of the steam mass quality
along the path of the two-phase flow for the tube bundle. On the other hand, the
second equation is obtained from a mass balance for the steam under the liquid level.
As a result, the model can be expressed by means of four equations which are solved
by using a fourth order Runge-Kutta scheme. A time step of 1 second is used to
ensure the numerical stability. An example of open loop response of the evaporator
and steam drum model against a step of 10 kg/s on the outlet steam is shown in
Figure 5.6. This operation is usually used in the practice when the steam drum valve
is slightly opened and set it in a new position. As can be seen in Figure 5.6-a, the
pressure starts to drop when valve opening take places. This effect is explained by
using the global mass balance equation, from which a pressure drop is obtained by
the reduction of the steam mass stored in the steam drum. Nevertheless, a more
complex effect is obtained in the transient response of the steam drum level. Firstly, a
suddenly increment of the steam drum water level is obtained due to the increase of
the volume of the steam dissolved in the saturated water. This increment of the steam
volume is produced by the decrease of the density of the saturated steam because of
the pressure drop. Secondly, the steam drum level starts to drop due to the loss of the

steam dissolved in the saturated water.

5.4.3. Steam drum and SH nozzle stress calculation

Typically, in conventional boilers the most limiting factors are the thick-walled
components such as the SH headers, the steam drum and the T-junctions of pipelines
[39]. The European standard EN 12952-3 [6] presents a methodology to calculate the
thermal and mechanical stresses in the aforementioned components. This standard
proposes analytical correlations to calculate thermal and mechanical stress
concentration factors for a wide range of geometries of T-junctions, which are very
useful to avoid tedious finite element analysis. The stresses are calculated as the sum

of thermal and pressure stresses according to Equation 5.7.
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Figure 5.6: Response of the system for a steam mass flow step of 10 kg/s: a) steam
drum pressure; b) total water volume; c) evaporator outlet steam mass fraction; d)
steam drum level.

where T is the metal average temperature and 7, is the inner surface temperature.

su

The thermal stress concentration factor ¢,, is mainly a function of the working fluid

(steam or water) and the diameter ratio between the main component and the
outlet/inlet pipeline. The mechanical concentration factor ¢, depends on the ratio
between the diameter and thickness of the main component and the outlet/inlet
pipeline. Normally, the stress on a T-junction is calculated on the point that presents
the greatest stresses, P1 (Figure 5.7). However, during the start-up, the most limiting
stress can be obtained in P2 (Figure 5.7) [39]. For this reason, in this Chapter the

stresses on T-junction are calculated on both points.
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Figure 5.7: Selected points for stresses calculation of the steam drum-downcomer
junction.

The temperature field along the radial coordinate is calculated by means of the
thermal model described by Equation 5.8, which calculation details are shown in
Chapter 4. When the temperature field is known, the average metal temperature, 7, ,
is calculated according to [37]. It is worth to mention that this model takes into
account the heat transfer coefficient in the inner wall, which undergoes a great

variation during the start-up.
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Nevertheless, the normative EN 12952-3 [6] may lead to conservative results [40].
For this reason finite element analysis (FEA) using ABAQUS/CAE software [23] is
carried out to estimate the stresses with high accuracy. The FEA is built with element

type C3D20RT (20-node thermally coupled brick, triquadratic displacement, trilinear
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temperature and reduced integration). Figure 5.8 shows the FEA results obtained in
SH head-nozzle T-junction for pressure and thermal load under nominal conditions.
The boundary conditions used are: i) zy plane symmetry condition (the displacement
and rotation are fixed on zy plane, and z and y directions, respectively); ii) xy plane
symmetry condition; iii) the displacement on y direction is fixed on the nozzle top; iv)
pressure load on the end cap.

Table 5.3 compares the results obtained by FEA and the analytical method. As can
be seen, the stresses are slightly overestimated at the P, using Equation 5.7. The stress
on P, is calculated assuming an infinite plate according to [41], since the concentration

factors for P, are not available in the normative EN 12952-3 [6].

5,511
(Avg: 75%)
+2.125e+08
+1.926e+08
- +1.726e+08
+1.527e+08
- 41.327e+08
+1.127e+08
- +9.279e+07
+7.283e+07
+5.287e+07
- +3.201e+07
- +1.295e+07
- —7.004e+06
-2.696e+07

Figure 5.8: FEA results obtained in SH head-nozzle T-junction.

Table 5.3: Comparison between analytical and FEA results obtained in SH head-
nozzle T-junction.

Analytical, Maximum FEA, Maximum
stress, (MPa) stress, (MPa)

Load Point

Pressure and thermal ~ Point 1, Equation 5.7 230.3 212.5

Pressure and thermal  Point 2, Equation 5.7 -67.1 -26.9
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5.4.4. Tubesheet stress calculation

The tubesheet is one of the most challenging components in the design of the
conventional shell-and-tube heat exchanger. This is due to its complex geometry with
a three-dimensional structure with holes and junctions with shell and head [42]. The
tubesheet, as a part of the heat exchanger, is generally subjected to a combination of
thermal and pressure loads that generate a complex stress state. Conventional
methods to calculate the stress on tubesheet such TEMA standards [15] or ASME
Section VIII-Division 1 [16] do not address specific guidelines for complex thermal
loadings such as no-tube-lane thermal stresses. Thus, in order to consider the
aforementioned effects and others, the method proposed by O'Donnell et al. [43] is
used in this Chapter. In this method, the tubesheet stresses are calculated by means of
the following steps. Firstly, the equivalent elasticity modulus and the equivalent
poison ratio are calculated, which are mainly function of the ligament efficiency and
tube pitch layout. Secondly, pressure or thermal stresses are calculated as an
equivalent solid plate. Finally, the stress on the ligament is calculated by means of the
stress concentration factor which is a function of the tubesheet geometry. The main
equations for the tubesheet stress calculations proposed by O'Donnell et al. [43] are

summarized in Table 5.4.

Table 5.4: Main equations for stress calculations proposed by O'Donnell et al. [43].

Load Stress intensity Equation
Pressure and thermal Average across ligament at either surface R
oy =Kl (59)
of plate h
Pressure Average across ligament and through _R[(APr 2 R
thickness Sy = == ¢ (o,) | (5.10)
Pressure and thermal Peak in ligaments 0, =Yo, +P (5.11)
Pressure and thermal Peak at perforations adjacent to rim o,.=Ko, +P(512)
Thermal (skin effect) Peak at surface EB(T,.-T,)
O = (5.13)
I-v
Thermal (temperature Peak in ligaments K E B(T,-T.)
. = u t\"H (o (514)
difference across no-
tube-lane zone)
Thermal (temperature Peak at holes adjacent to no-tube-lane zone _KL,EB(T, -T) 515
difference across no- e 2(1-v) @19

tube-lane zone)
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A two dimensional transient thermal model of the tubesheet ligament (Equation

5.16) is performed to calculate the surface wall temperate (7, ) and the average wall

temperature (7, ,) necessary for Equation 5.13. The model considers three heat

ve
transfer boundary conditions on the ligament surface with a fluid contact and another

additional symmetric boundary condition (see Figure 4.7).

1o( or\ oT 10T
aaG = 6.16)

The thermal stress presented in the no-tube-lane zone of the tubesheet is
calculated using Equation 5.14 and Equation 5.15. However, the model proposed by
O'Donnell et al. [43] does not take into account plane shears [44]. Therefore, such
simplifications may lead to inaccurate results, especially at the interfaces of the
perforated and solid regions of the tubesheet. In addition, it is observed that the RH
has a great thermal difference in the no-tube-lane zone, which can generate high
stresses.

A FEA model is performed for the RH to validate the analytical model developed.
Due to the symmetry in geometry and loads only a sector of 180° is modeled
including the shell and head junctions. In order to obtain realistic results the
perforated holes of the tubesheet are included in the model. Figure 5.9 shows the
temperature field of the FEA model considering the thermal and pressure loads at
nominal conditions (the shell side temperatures are not considered). The boundary
conditions used are: i) yx plane symmetry; ii) zx plane symmetry on the end cap of
the head.

The comparison between the FEA and analytical stress results is summarized in
Table 5.5. The results are obtained for nominal conditions. As can be seen, the stresses
produced in ligaments near of the no-tube-lane zone are underestimated by the
Equation 5.14 around 37.7% compared with the results obtained by FEA. In contrast,
the stresses obtained in the holes adjacent to the no-tube-lane zone are overestimated
for the Equation 5.15 compared with the FEA results. Figure 5.10 shows the FEA
stress results in the tubesheet ligaments due to temperature difference across no-tube-
lane. For the pressure load cases, the FEA results show that the stresses are
overestimated between 30 and 40 % using Equation 5.9. Finally, as a result of the FEA
of the RH it is expected that the stresses on tubesheet will be calculated on the safety

side.
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Figure 5.9: RH FEA temperature field results.
Table 5.5: Comparison between analytical and FEA results obtained for RH.
. Analytical, Maximum FEA, Maximum
Load Point
stress, (MPa) stress, (MPa)
Pressure Ligament, Equation 5.9 571 07
Pressure Rim zone, Equation 5.9 286 201
Thermal (temperature difference  Peak in ligaments,
320.7 263.4
across no-tube-lane zone) Equation 5.14
Thermal (temperature difference  Peak at holes adjacent
across no-tube-lane zone) to no-tube-lane zone, 509.5 432.6

Equation 5.15
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Figure 5.10: RH FEA stress results in ligaments due to temperature difference across
no-tube-lane.

5.4.5. Tubesheet junction stress calculation

The ASME Pressure vessel code considers six possible junction configurations for
U-tube tubesheets as a combinations of integral, gasketed and gasketed extended as a
flange [16]. In this Chapter, an integral junction type is considered for both head and
shell side. Although the tubesheet junction has a great relevance in the stress suffered
on the tubesheet, TEMA tubesheet design method does not include the mechanical
loading from the shell or the head walls [45]. However, ASME VIII div 2 [16] U-tube
tubesheet design method takes into account these effects. It should be considered that
the calculation procedure is tedious and oriented to design, and thus, another option
is sought in order to reduce the calculations for the SG start-up simulation. A viable
option consists in the development of a simplified analytical model of the head-
tubesheet-shell junction. A schematic of the moment and forces in tubesheet junction

is illustrated in Figure 5.11. Considering elastic conditions, the displacements and
forces are related by the stiffnesses: F; =K, x; or x, =Kj7]F;. =K', F,. Neglecting the

thermal loads, the displacements of the shell and head, and the displacements of the

tubesheet can be calculated using Equations 5.17 and 5.18, respectively.
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Figure 5.11: Force analysis on the tubesheet junction.
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The stiffnesses for pressure loads of the shell and head are calculated as cylinders
according to [41]. The stiffness of the tubesheet is calculated according to ASME VIII
div 2 [16] considering the equivalent solid plate elastic properties modifications
(Young modulus and Poisson's ratio). The stress calculation is carried out estimating;:
(i) the shear forces and moments using the compatibility of the displacements; and (ii)
the stress in cylindrical coordinates according the Equation 5.19 [41]. An equivalent
stress is calculated according to von Mises equation to consider the stresses in other
directions [16].

D?*P . 6M
4¢(D+1)  +t*
7 2( E+ )6M
y 14
o b= =+ 5.19
4 D t2 ( )
Trz V
t

The tubesheet junction stresses are normally calculated using FEA due to its
complex geometry [42]. The analytical method proposed here is accurate for relations
of D/(2t,)>5and D/(2L,)>4. As SH and PH are in the limit of the accurate

range, it is convenient to compare the analytical model results with FEA. A SH FEA is
performed using ABAQUS/CAE software [23]. The FEA is made in a similar way of
RH model, using C3D20RT element type and assuming symmetry between geometry
and loads to reduce the computational time. The perforated holes of the tubesheet are
also included in the model. The boundary conditions used are the same that has been
described in the RH model. Figure 5.12 shows the FEA results obtained for SH model
considering only pressure load.

The comparison between the FEA and the analytical stress results of the SH
tubesheet junction is summarized in Table 5.6. A pressure load of 10.6 MPa is applied
on head side matching with the nominal conditions. As can be seen, the stresses
produced in the head-tubesheet junction show that there is a good agreement
between the analytical model (Equations 5.17 and 5.18) and FEA. The stress is
underestimated by the analytical model by only 4% in the tubesheet junction at the
no-tube-lane zone. However, the stresses obtained in the shell-tubesheet junction are
overestimated by the analytical model.

An important shear stress point to take into account in SH junction is at the no-
tube-lane zone. The stresses at this point are calculated using Equation 5.20. This
equation is based on the theoretical solution presented by Slot [46] for a solid plate
with a temperature difference between upper and lower half parts. The shear stress

constant is equal to K, =0.51 at the junction with head and/or shell zone. This effect
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Figure 5.12: SH Tubesheet junction model.
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Figure 5.13: Stress results for tubesheet junction at no-tube-lane zone.
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is also checked with FEA based on the SH model (Figure 5.13). The results show that
the Equation 5.20 underestimates the shear stress by around 14 %.

Ty —T)PBE

T;‘H :Kr 2

(5.20)

Table 5.6: Comparison between analytical and FEA results obtained for SH tubesheet

junction.
. Analytical model, FEA, Equivalent
Load Point X
Equivalent stress, (MPa) stress, (MPa)
Head-tubesheet junction,
Pressure X 82.9 86.9
Equation 5.19
Shell-tubesheet junction,
Pressure . 29.8 25.6
Equation 5.19
Tubesheet junction no-tube-
Thermal 113.1 132.6

lane, Equation 5.20

The tubesheet junction is formed by the joint of thick metal walls, especially for
head and tubesheet. In this way, it is expected that the transient thermal stresses have
a significant role on the tubesheet junction damage. For this reason, a two
dimensional transient thermal model based on Equation 5.17 is performed to calculate
the temperature field on the tubesheet junction. The model is built assuming axis-
symmetric conditions. Convective boundary conditions are used for the surface with
fluid contact: head, tube and shell. Insulation conditions are assumed for the external
walls. Finally, uni-dimensional heat transfer conditions are assumed for the zones of
head and shell far of tubesheet (see Figure 4.10). Details of the model calculation
procedure are described in Chapter 4. In order to validate the model, a comparison
between the analytical model and the SH FEA transient simulation temperatures is
illustrated in Figure 5.14.

The heat transfer coefficient has a great influence on the surface wall temperatures,
and similarly, the surface wall temperature has a great influence on the thermal stress.
For this reason, a convenient estimation of the heat transfer coefficient could be
interesting to obtain accurate results. However, the calculation of the heat transfer
coefficient on the tubesheet junction surfaces for head or shell sides is very complex
and it should be calculated by means of CFD simulations and/or experimentally.
Since these options are out of the scope of this work, the following assumptions are
used: the heat transfer coefficient on the tubesheet junction on shell-side wall is

calculated as one order of magnitude lower than the cross flow on shell-side; the heat
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transfer coefficient on the tubesheet junction on head-side wall is calculated as one
order of magnitude lower than the heat transfer coefficient of the tube side.

MODEL (100sec) FEA (100sec)

t[m]

Tl

MODEL (400sec) FEA (400sec)

f[m]
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320
FEA (1000sec)

300

t[m]
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240

r[m]

z[m]

Figure 5.14: Comparison between the analytical model and FEA results obtained for
SH.

Once the temperature field on tubesheet is known, the thermal stress is calculated
for tubesheet-head junction according to [37], which considers only the radial thermal
gradient. The thermal stress on tubesheet-shell junction is calculated according to
Equation 5.14. Once the thermal stresses are calculated, they are combined with the
mechanical stresses taking into account their corresponding sign. Then, the equivalent

stresses are calculated using von Mises equation [16].

5.4.6. U-tube stress calculation

The U-tube design presents an economical solution to avoid the differential
thermal expansion between tubes and shell. Another possible solution consists of
using floating heads, which increases the heat exchanger cost by 10-20% [47].

However, the U-tube design presents some disadvantages: the mechanical tube
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cleaning on the inlet side is difficult and the U-bend region presents a potential
problem of vibrations on the outermost rows due to the long unsupported spam [48].
In addition, there is a differential thermal expansion between the hot and cold legs of
the tube bundle [22].

The thermal stresses on U-tube due to the differential thermal expansion between
cold and hot legs are calculated according to Singh et al. [49]. A linear equation
system is built based on the relations between forces and moments with
displacements and rotation angles, respectively. The calculation procedure is
described in the following steps. Firstly, the tube is allowed to expand freely, where
the displacement is calculated using Equation 5.21 considering the axial force /' =0.
Secondly, the moment and forces are calculated using an iterative process to
accomplish the compatibility of displacements. When the moments and forces are

known, the moment law function, M () , can be calculated and then the stresses on

U-bend are computed using the Equation 5.22.

2F
6=(,AL,, -B,,AL,,)L _EL (5.21)

v M) 1,

a0 = (5.22)

It should be taken into account that the minimal U-bend radius is designed to not
overpass the maximum allowable stress under nominal conditions. However, the
thermal stresses on the U-bend are strongly related with the temperature profile of
the heat exchangers. Since the temperature profiles change during the SG start, it is

expected that the stresses change as well.

5.5. Results and discussion

The results of the dynamic analysis of the SG include:

o The analysis of the SG daily start-up assuming isothermal initial
conditions.

o The stress analysis of the critical points of the SG such: tubesheets (see
Figure 5.15) and T-junctions of the SG.

o The comparison of the dynamic response of two designs in the evaporator
of the SG: TEMA X and kettle, during the start-up.
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Figure 5.15: The five points selected for tubesheet stress analysis.

To carry out the dynamic study of the SG, a global script is built using the models
described above allowing the estimation of the stress in real time. A global time step
with higher size is selected to update the calculations of the models, which uses

different time steps sizes.

5.5.1. Start-up simulation of the SG

A schematic of the start-up procedure is illustrated in Figure 5.16. Figure 5.17
shows the time evolution of the main thermodynamic variables during the start-up of
the SG.

The dynamic analysis of the SG assumes that the storage system and/or solar field
can provide the thermal oil inlet conditions to carry out the SG start-up. As
mentioned before, isothermal initial conditions are considered for the SG heat
exchangers, matching with the saturation temperature of the drum water (at around
240 °C).

The thermal oil enters to the SG with a mass flow of 4% of its nominal value. The
thermal oil is sent to the EV at 260 °C (Figure 5.17-a), 20 °C above to the saturation
temperature of the drum water to avoid thermal shocks on thermal oil pipelines. The
thermal oil also circulates through the PH. At the same time, the drum water (T, = 240
°C, Figure 5.17-c) circulates to heat-up the feed-water from the feed-water-heaters,
which is assumed to be equal to 100 °C at the beginning of the start-up. Then, the
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feed-water enters to the PH at minimum temperature of 180 °C to avoid potential
thermal stresses in the tubesheet. Moreover, the steam generated is sent from the
steam drum to the deaerator to heat-up the SG feed-water.

When around the 4% of the steam generation is produced, the thermal oil mass
flow is sent to SH and RH. Now, the thermal oil mass flow is set to 5% of its nominal
value with a temperature ramp-up rate of 8 °C/min. The saturated steam from the
steam drum is sent to the SH and the outlet steam is sent to the RH by the SH-RH by-
pass line (Figure 5.2), where the attemperation system keeps the RH steam inlet
temperature at around 250 °C. The RH outlet steam is sent to the deaerator.

Around t = 20 min the SH and RH outlet steams achieves 320 °C, which is the set
point temperature at the inlet to start the turbine synchronization (Figure 5.17-b/d).
The turbine inlet temperature is kept constant by using the attemperation system
(Figure 5.2). The turbine synchronization takes around 8 min for a daily start-up [20].

After 28 min, the turbine synchronization is completed and the HP and LP steam
inlet temperatures are increased to its nominal value (Figure 5.17-b/d). At the same
time, the thermal oil mass flow ramp-up rate is set to obtain a ramp-up of 7 °C/min in
the evaporator. As a result, the steam drum pressure starts to rise. Since the turbine
operation is set to sliding pressure mode, the steam mass flow increases as well.

After 45 min, full load conditions are achieved and the SG start-up is completed.
The energy necessary to carry out the SG start-up is 36.4 MWhin.

HTF mass flow rate is set to 4%
t =0 min HTF is sent to EV at 2602C and circulated to PH
PH feed-water heat-up to 1802C by water circulated from drum

¥
HTF mass flow rate is set to 5%
HTF is circulated to SH and RH
Saturated steam is sent to SHand SH and RH
HTF ramp is set to 82C/min

t=5min

A 4
SH and RH outlet steams achieve 320 2C
t=20min SH and RH outlet steams (5%) are sent to HP and LP turbines
Turbine syncrhonization starts

\ 4
Turbine sinchronization completed

t=28 min SH and RH outlet steam temperature is set to 3772C

HTF mass flow ramp is set to raise 72C/min in the evaporator

A 4
Steam mass flow achieves 100%
Start-up is completed

t=45min

Figure 5.16: Schematic of the procedure of the start-up.
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5.5.2. Stress analysis

According to the ASME code [50] the material lifetime is mainly reduced by two
damage mechanisms: fatigue and creep. The fatigue damage is related to the
magnitude of the stress cyclic variations, and the number of cycles to failure is
computed as a function of the equivalent strain range. The creep damage is a function

of the stress level and the temperature [51].
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Figure 5.17: Daily start up simulation: a) thermal oil temperature and mass flow rate,
turbine power output; b) SH performance; c) steam drum performance; d) RH
performance.

The assessment against failure for cyclic loads is normally accomplished by

fatigue analysis. However, a previous step should be considered according to ASME
VIII div2 [16], where the maximum stress should be limited against ratcheting failure.
In this way, the protection against ratcheting considering an elastic stress analysis
should be accomplished by using this limitation: AS < .S, . If this limitation is not
satisfied, a complex elastic-plastic analysis should be carried out [44]. The alternating
stress AS'is calculated considering primary membrane, primary bending and

secondary stresses (P, + P, + 0 ). This means that the stresses due to local structural
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discontinuities, i.e. the peak stresses (/') are not considered in this analysis. For this
reason, the stresses concentration factors are not used in the stress analysis presented
below.

The maximum allowable equivalent stress S, is calculated as the highest value

between: i) three times the ASME VIII div 1 allowable stress limit §; ii) two times the

yield stress of the material § . This limitation is imposed for the tubesheet and U-

tube stress calculations.
In case of EN 12952-3 [6] the maximum stress is limited to avoid damage of the
protective magnetite layer on the metal wall of the component. The maximum

allowable stress is calculated 200 MPa above to the tangential pressure stress at

nominal operating conditions: 0, ., =0, , +200. The minimum allowable stress is

600 MPa bellow to the tangential pressure stress at nominal operating conditions:

Omin =04, —600. As already mentioned, the stress calculations in the drum

a,mi
downcomer junction and SH head nozzle junction are made using EN 12952-3 [6] and
therefore this limitation is imposed for this components.

Figure 5.18 shows the results of the stress analysis of the SG during the start-up.
The vertical line at t = 45 min points out the end of the start-up process while the
horizontal line identifies the maximum allowable stress. As can be seen, the stress
evolution in all the components is in suitable stress ranges according to the
aforementioned limits.

According to the stress nature, two stress groups can be identified. The first group
considers the stress points where the thermal inertia are more significant, i.e. when
the difference between the wall surface temperature and the average wall
temperature are relatively high and this difference decay temporally. This group is
formed by the following junction points: tubesheet-head, the tubesheet-shell, the
steam drum-downcomer and SH head-nozzle (Figure 5.18-b/c/g/h). This group is
more susceptible to high thermal stresses due to temperature ramp-up rates, and
therefore establishes the minimum start-up time.

The second group considers the stress points where the thermal inertia can be
neglected and then the stress can be estimated using the temperature and pressure
states. This group is formed by the tubesheet ligaments, the tubesheet no-tube-lane
zone (junction and near of holes) and the U-bend region (Figure 5.18-a/d/e/f).

During the daily start-up, the highest stress value is obtained on the U-bend in the
SH (Figure 5.18-f). Nevertheless, this value does not represent any limitation since
this stress can be easily reduced increasing the U-bend radius and/or the clearance in

the last baffle. It is important to take into account that the U-bend radius design was
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accomplished considering nominal operation conditions and for this reason the
resulting stresses on the SH U-bend reach the safety value of 0.3 UTS.

The most limiting stresses are obtained in the tubesheet ligaments and the no-
tube-lane zone (Figure 5.18-a/d). The most stressed point of the tubesheet ligament is
obtained for RH in the point of high pressure at the end of the start-up. It is worth to
mention that the ligaments that present the highest stress are those located near of the
no-tube-lane (Figure 5.15). In contrast, the most stressed point in the no-tube-lane
zone is obtained for the RH in nominal conditions, when the high temperature
difference between the tube inlet and outlet is reached (Figure 5.18-d).

The most stressed points belong to the second group, in which thermal inertia can
be neglected, pointing that higher temperature ramp-up rates could be used in the SG
start-up. However, the temperature ramp-up rate selected for the thermal oil inlet (8
°C/min) is very high compared with the literature data [19,20]. Therefore, an
increment of the temperature ramp-up rate is considered as an unrealistic scenario.

In case of the evaporator ramp-up rate of 7 °C/min is selected. It can be considered
in the optimal range of the ramp-up rates suggested by Ferruzza et al. [2]. This means
that higher evaporator ramp-up rates may not lead to a significant increment of the
annual energy production.

The high thermal stresses obtained in the RH even under design conditions
(Figure 5.18-d) suggest that the TEMA F design is susceptible to fatigue cycle failure.
Therefore, another possible design option can be the U-shell/U-tube heat exchanger.
Since this design has two tubesheets, the stresses in the no-tube-lane are eliminated.
Another possible option consists of splitting the RH in two heat exchangers in series,
reducing the temperature difference in the tubesheet. This design option is proposed
by Aalborg CSP [52].

5.5.3.  Comparison between kettle and TEMA X evaporators

Kettle evaporators have been used in pioneering parabolic trough plants due to
the relatively low cost and successful operation [53]. For these reasons, this design has
been installed in recent parabolic trough plants [54,55]. However, other references
suggest that kettle evaporator design is susceptible of high stresses due to the high
thicknesses (shell and tubesheet), and thus, it has a higher risk of fatigue failure.

In this Chapter, a TEMA X recirculation evaporator is used due to its expected
good behavior against thermal stresses. This is mainly due to the fact that TEMA X
evaporator is divided into three parts (two heat exchangers and one steam drum)
whereas the kettle is formed only in one part. Thus, a significant reduction in the

thicknesses is obtained due to the reduction on the shell diameters.
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Figure 5.18: Stress evolution of the main components of the SG during daily start-up:
a) tubesheet ligament stresses; b) tubesheet head junction stresses; c) tubesheet shell
junction stresses; d) tubesheet no-tube-lane stresses; e) tubesheet junction at no-tube-
lane zone; f) U-tube stresses; g) steam drum downcomer junction stresses; g) SH
outlet head nozzle junction stresses.
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In order to compare the dynamic behavior of both designs a new simulation is
carried out using a kettle evaporator on the SG. The dynamic model for kettle is
developed using a simplified second-order model based on Equations 5.4, 5.5 and 5.6.
This model capture very well the dynamic response of the pressure against input
changes of load, steam flow or feed-water flow [36]. However, high accurate models
are necessary to capture the dynamic response of the water level.

Following the previous simulation, the ramp-up rates selected are 8°C/min for
thermal oil inlet and 7 °C/min for evaporator. The kettle evaporator design is obtained

following the procedure described in Chapter 2 (Table 2.3).
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Figure 5.19: Critical points selected for the stress analysis of TEMA X recirculation
and kettle evaporator.
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The stress results of the most critical parts for both designs are presented in Figure
5.20. As it can be seen, the stresses obtained are placed within allowable ranges for
both designs. As it is expected, the minimum thermal stresses on the drum (shell for
kettle) are lower for kettle design (Figure 5.20-a). The maximum stress on tubesheet is
in the same order of magnitude (Figure 5.20-b). However, the higher thermal inertia
of the ligaments of kettle tubesheet leads to higher transient thermal stresses as it can

be seen in Figure 5.20-b at t = 35 minutes.
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Figure 5.20: Results of the stress analysis for between TEMA X evaporator and kettle
evaporator: a) drum downcomer junction (shell for kettle); b) tubesheet ligament
stresses.

5.6. Conclusions

A dynamic analysis of the steam generator of a parabolic trough plant is carried
out in this Chapter. The steam generator is based on shell-and-tube heat exchangers
designed according to TEMA and ASME standards. Different transient models are
proposed for the single phase heat exchangers TEMA F and TEMA H, and the TEMA
X recirculation evaporator with steam drum. The temperature field and the stresses
are calculated on the critical parts of steam generator such as: tubesheets, tubesheet
junctions, head-nozzle junctions, steam drum-downcomer junction and U-bend
regions. Furthermore, finite element simulations of different parts of the steam
generator are developed to compare with the simplified analytical stress models.

A simulation of the steam generator start-up is performed using relatively high
ramp-up rates for the thermal oil inlet and the evaporator. The stresses obtained in
the steam generator are ranged within the allowable stress limits according to ASME
Section VIII div 2 [16] and EN 12952-3 [6] standards. This means that the proposed
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design of the steam generator is valid to carry out a future fatigue analysis to estimate
its lifetime.

The results show that the start-up of steam generator takes around 45 minutes and
the energy needed to start-up is around 36.4 MWhw. The higher thermal stresses are
obtained in the no-tube-lane of the U-tube tubesheets of the heat exchangers,
especially in the reheater. The comparison between TEMA X and kettle evaporators
shows a better behavior against thermal stresses, obtaining a reduction of 35% for the
first design.

Nomenclature
Abbreviations

CCPs : combined-cycle plants

CSP : concentrating solar plants.

CT : cold tank.

EV : evaporator.

FW : feed-water.

HP: high pressure.

HPT : high pressure turbine.

HRSG : heat recovery steam generator.
HTF': heat transfer fluid.

HT': hot tank.

Hx : heat exchanger.

LP :low pressure.

LPT :low pressure turbine.

PH : preheater.

PTPP: parabolic trough power plant
RH : reheater.

SG : steam generator.

SH : superheater.

UTS : ultimate tensile strength.

Symbols

A : heat transfer area (m?).

A‘.: cross section area (m?).
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C ; : dimensionless thermal capacitance of metal wall (-).

D : diameter (m), characteristic time constant (-).
E : modulus of elasticity (MPa).

F : force (N).

I : moment of inertia (m4).

K : stiffness (N/m).

K ':inverse of stiffness (m/N).

L :length (m), characteristic length constant (-), level (m).
lip : tube pitch (mm).

L, : tubesheet thickness (m).

M : mass (Kg), moment (N m).

P : pressure (Pa).

R :radius (m).

R, : radius of a circle circumscribed to outermost tube of a bundle (m).

T : temperature (°C).

T * : dimensionless temperature (-).
V' : volume (m?3), vertical force (N).
W turbine power (MWe).

a: thermal diffusivity (m/s?).

h : convective coefficient (W/ m? °C)
[ : tubesheet thickness (mm).

m : mass flow rate (kg/s).

t: time(s).

I; : thickness of component j (m).
t*: dimensionless time(-).

r: radial coordinate (-).

U : specific internal energy (K]J/kg).

y: vertical displacement (m).

z: axial coordinate (-).
Greek Symbols

@, : thermal stress concentration factor (-).

a,, ‘pressure stress concentration factor (-).
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B, :linear thermal expansion coefficient (1/K).

@ : rotation angle (rad), circumferential coordinate (-).
V : Poisson's ratio (-).

p : density (kg/m3).

O : stress (MPa).

7: shear stress (MPa).

v : U-tube stress concentration factor (-).

Subscripts

0: nominal conditions.
ave : average.

atemp : attemperator.
b : bending.

oyl : cylinder.

d :drum.

dc : downcomer.

h : head.

i :inlet, inner

m: metal.

0: outlet, outer

7 riser.

rec: recirculated.

S : shell.

sat : saturated.

St : steam.

Su : surface

t: tube.

Ip : tube pitch.

Is: tubesheet.

W: water.
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6.1. Abstract

The increment of the flexibility has become a critical objective of concentrating

solar power plants to improve their competitiveness. The steam generator has an

important role on the flexibility of concentrating solar power plants. This is mainly for

the stress limitation on thick-walled components, which limit the start-up and load
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change ramps. In this way, the development of lifetime estimation models is required
to optimize the design and operation of these plants.

In this Chapter, a fatigue analysis of the steam generator of a parabolic trough
power plant is performed following ASME code. Two operations of the start-up of the
steam generator are analyzed: the evaporator temperature ramp and the heat transfer
fluid inlet temperature ramp. Furthermore, a load change operation is also studied.
The stress models used for fatigue analysis have been validated using finite element
analysis described in Chapter 5. The results show that the most compromised parts of
the steam generator are the reheater tubesheet, the drum-downcomer junction and
the SH nozzle.

6.2. Introduction

In current electricity markets a significant percentage of the total energy
production comes from renewable energies such wind or photovoltaic's. However,
these kind of energy sources are considered as non-dispatchables and therefore it may
lead to unbalanced grid problems [1]. For this reason, dispatchable power plants are
pushed to increase its flexibility in order to meet the electricity demand and
compensate the unpredictable fluctuations of this renewable energy sources [2].

Concentrating solar power (CSP) plants has been positioned as a potential
alternative to conventional plants since they can be considered as dispatchable under
certain conditions [3]. This is mainly due to the capacity of these plants to integrate a
cost-effective thermal storage system, the possibility of hybridization with fossil fuels
and the use of steam turbines. Thus, the flexibility of the CSP plants is a critical issue
to increase their competitiveness. In this way, faster start-ups and load changes have
become an important feature in order to guarantee the flexibility. Furthermore, fast
start-ups are especially important for CSP plants because increase the annual
electricity production [4]. On the other hand, fast transient operations lead to higher
stresses on thick-walled components. Thus, a good management requires a good
estimation of the potential lifetime reduction/increment driving to the
increment/reduction of the flexibility of the plant. The steam generator (SG) has a
important role on the flexibility because the thermal stresses on thick-walled
components limit the temperature change rates [5]. The SG is formed by four heat
exchangers with a coupled performance. For these reasons, a dynamic simulation of
the SG is a essential previous step in a fatigue analysis in order to identify realistic
critical points. Moreover, the dynamic simulation helps to a better understating on the
SG operation.
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Several researchers has been focused on the investigation of the critical stress
points of combined cycle power plants (CCPPs) [6-9]. A dynamic model is usually
developed using software to calculate the thermodynamic quantities (pressure,
temperature, mass flow, etc). Most of those works estimate the mechanical and
thermal stress are calculated using European Standards [6-8]. Only some of them
accomplished a fatigue analysis. For example, Benato et al. [6] performed a fatigue
analysis of a heat recovery steam generator (HRSG). They developed a dynamic
simulator tool in MATLAB to estimate the trends of the main thermodynamic
parameters (flow rates, temperatures and pressures). To validate this model, they also
developed a HRSG model based on Modelica language using DYMOLA software
[10]. A comparison study of both models for single pressure level HRSG can be found
in [11]. They carried out a fatigue analysis using the European Standard EN 13445
[12]. They identified that the most critical stress points are the high pressure steam
drum and the superheater (SH) collectors. The fatigue results show that the higher
lifetime reduction is obtained in the SH collector for a load change of 50%. However,
details of the geometric locations of the stress critical points and their respective stress
concentration factors or even the number of allowable cycles are not available.
Angerer et al. [7] performed a fatigue analysis of the SH header using European
Standard EN 12952-3 [13]. They studied a novel buffer storage system for the thermal
decoupling of the gas turbine form the HRSG. The results show that this innovative
system reduce around a 90% the fatigue damage in the SH header. Tonti et al. [8]
presented some guidelines for calculation of in-service creep-fatigue damage of steam
generators following European standard EN 12952-4 [14]. Furthermore, an example of
fatigue analysis of the SH outlet header is also presented.

Most of the literature focused in steam generation, which combines dynamic
simulation and stress analysis, use European standards. Nevertheless, some works
can be found using ASME code. For example, Mirandola et al. [15] analyzed the
residual lifetime a SH of a 320 MW coal-fired steam power plant. They studied the
creep-fatigue damage on the SH pipes using ASME Section III [16]. The structural
analysis to obtain deformations and stresses is performed using ANSYS software [17].
Two operation management cases are also compared economically.

Commercial CSP plants typically use an indirect steam generator system based on
conventional shell-and-tube heat exchangers [18-20]. The most common methodology
for the design of shell-and-tube heat exchangers is based on TEMA standards [21] and
ASME Section VIII Div 1 [22] considering continuous operation. However, the
intermittent operation of the SG with daily start-ups, shutdowns and load changes,
makes necessary a sought alternative standards that considers a fatigue assessment,
as ASME Section VIII Div 2 [23] or ASME Section III Subsection NH [16].
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Different studies can be found about fatigue analysis focusing in heat exchangers
and/or pressure vessels. The ASME VIII Div 2 approach is used in Refs. [24,25] for the
fatigue analysis. Shen et al. [24] presented a fatigue analysis of a tubesheet subjected
to thermal-shock. The results show that the most critical point is the tubesheet
junction on shell-side. Dong et al. [25] studied the lifetime of pressure vessel focusing
in welded points. They also performed a comparison study of the fatigue calculations
using different standards.

In this Chapter, a fatigue analysis of the SG of a parabolic trough power plant
(PTPP) is carried out. Several critical points of the SG are considered: tubesheets,
tubesheet junctions, head-nozzle junctions and drum-downcomer junction. Two
transient operations of the SG start-up are studied for the fatigue analysis. The first
considers five different evaporator temperature ramps whereas the second considers
five heat transfer fluid inlet temperature ramps. In addition, a SG load change
operation is also analyzed. The stress calculations are made using the models
presented in Chapter 5, which have been validated with finite element analysis. The

fatigue calculations are performed following ASME Section VIII Div 2 [23].

6.3. Methodology for the fatigue analysis

The fatigue is defined as the damage of a structural component due to cyclic loads
that involve cycles of stresses and strains. The fatigue failure is produced as the
accumulation of the damage at localized zones, where the nucleation of cracks is
extended until material fracture. There are two types of fatigue mechanisms: high
cycle fatigue (HCF) and low cycle fatigue (LCF) [26]. In LCF, the peak stresses are
above of the yield tensile strength, obtaining in this way a plastic strains. The
allowable number of cycles are typically suited below of 1 or 5 10% In HCF, the
stresses are below of the yield tensile strength and hence the strains produced are in
elastic region.

Creep is anelastic deformation mechanism produced by the constant stress
working at relatively high temperatures. The creep damage is mainly function of the
stress, time and temperature. Normally, the creep damage becomes significant for
temperatures above of the 40% of the melting temperature, in the case of low alloy
steels this temperature is around 380 °C whereas for austenitic steels is around 540 °C
[26]. The creep and fatigue damage can be combined by using Palmgren-Miner
equation [27], where it can be seen that the damage is much higher if the creep and

fatigue are take place at the same time.
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Creep and fatigue analysis are normally accomplished by using design standards.
Some of the most important are: ASME Section III [16] and VIII [23], UNE EN 13445-3
[12], UNE EN 12952-3 [13].

6.3.1. Lifetime estimation according ASME Section VIII
Div 2 [23]

The assessment under cycling operation of the heat exchangers for standard
industrial applications at low temperatures (<427°C) can be made following ASME
Section VIII Div 2 [23]. Two assessments should be considered for the protection
against cycling operation: ratcheting and fatigue. The equivalent stresses are
calculated considering operating load cycles, instead of design loads. Note that this
method does not take into account creep damage.

According to AME Section VIII Div 2 [23] the structural stresses can be classified
in three categories. The first category is formed by the primary stresses, which are:
general membrane (P,), local membrane (P,) and primary bending (P,). They are
calculated considering only mechanical loads and excluding local stress
discontinuities. The second category is formed by secondary membrane and bending
(Q). They are calculated considering mechanical loads and/or thermal loads which
produce thermal differential expansion. The local stress concentration factor are
excluded. The third category is the peak stresses (F). These stresses are calculated
considering mechanical loads and/or thermal loads that do not produce distortion of
vessel shape, and also considering local stress concentrations. Figure 6.1 illustrates an
schematic of the stresses classification.

Typically the first step in the heat exchanger design consists of the estimation of
the thicknesses of the main parts (shell, tubes, head, tubesheet, nozzles, etc) using
ASME Section 1II [28] and Section VIII Div 1 [22], considering design loads, primary
membrane and bending stresses, and the maximum allowable stress S defined in
ASME Section II [28] (See Figure 6.1).

In the case of assessment under cycling operation must be used operating loads
instead of design loads. In addition, it must be considered the stresses due to thermal
expansion and local discontinuities. For example, for ratcheting assessment must be
considered membrane, bending and secondary stresses (P,+P,+(Q). Moreover, the
maximum allowable stress Srs, which is calculated as the highest value between: i)
three times the allowable stress limit S; ii) two times the yield stress of the material Sy.
The results of the ratcheting assessment of the SG can be shown in Chapter 5.

In case of fatigue assessment the peak stress must be included (F), and hence, the

local stress concentration factors must be used. The allowable stress amplitude for
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fatigue analysis S is calculated according the S-N curves from ASME Section VIII Div
2 [23].

Primary Secondary
Ci:;:)sry B ; T Membrane Peak
eneral ocal lus Bendin:
Membrane Membrane . ° 9
Symbal Pm P P, Q F

— Use design loads e — -
----- Use operating loads '
(%)  [merE

Figure 6.1: Stress classification according to ASME Section VIII Div 2 [23].

According to the ASME linearization method, the stress can be classified mainly in
three types: membrane, bending and peak. And they can be defined analytically as
follows [25]:

1!
o, = Jo.ta
6 | t
-2 N R 6.1
o, f!"x(”(z yjy (6.1)

2
o, =0,(»)-o0, —ab(l——yj
t

where the o (»)is the normal stress (normal to fissure propagation plane) obtained

from shell theory neglecting the local stresses due to singularities. When finite
element analysis is used, the solution obtained is the total stress distribution.

Therefore, a linearization of the stresses should be carried out to classify the stress

type.

The fatigue analysis is normally is accomplished by using time series of load

cycles, also called Remaining Sequence of Extremes (RSE) [8]. There are different
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possibilities to estimate the number of cycles in a fatigue analysis based on RSE. The
main idea of these methods consists of counting the maximum and minimum relative
extremes. They can be reduced assuming a minimum amplitude value. Figure 6.2 are
shown some of these methods. As can be seen, there are different ways to consider the
load cycles and the pattern to link an extreme with other. The fatigue results can vary
around 25 % depending of the method selected [8]. In this work, the method b is

selected in order to obtain conservative results.

a)

1/2

1/2
1/2
| 1/2 |

1/2 3 1/2
[ : t

b)

Figure 6.2: Possible calculations of the extremes in case of RSE [8].

The elastic-fatigue analysis according to ASME Section VIII Div 2 [23] should be
made by following steps:

¢ Determine the load history: This is calculated according to the results of the SG
simulations where the stresses of the main components are calculated for each
step time. The critical points of the SG are chosen according the results of the
Chapter 5.

 Calculation of the stress range Ao, for the principal stress directions considering

their respective signs.

e Use the counting cycle method to the stress range Ao, to estimate the maximum

relative stress ", , and minimum relative stress "o, , of each k cycle. On the other
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hand, it is also calculated the total M fatigue cycles (k=1,.,M) and the actual

number of repetitions #n, of each k cycle.

o Calculation of the equivalent stress range considering normal and shear stresses:

AS = 1 (Ao, -Ac, ) +(Ao,, —Aoy, ) + (6.2)

‘ \/E (Ao-zu - AO_}},k )2 + 6(A0-12.k2 + Ao_m,kz +Aoc

zs,kz )
o The effective alternating stress amplitude is calculated as follows:

K K (AS,, —AS +K AS, .,
AS,,,M _ e( Pk 2[,T,1<) v,k LTk (6.3)

where the equivalent stress range, AS,,, is calculated considering primary,

secondary and peak stresses. The equivalent thermal stress range, AS,,,

calculated considering secondary and peak stresses produced by thermal loads.

The fatigue strength reduction, K ,, should be included to take into account local
notch or weld effects. The fatigue penalty factor, K , is calculated as a function of
the material and the equivalent alternative stresses, AS, ., which is calculated

considering only primary and secondary stresses. Lastly, the Poisson correction

factor due to thermal loads, K is computed as function of the elastic and the

vk’

equivalent plastic Poisson's ratios.

¢ The allowable number of cycles is calculated according to S-N curves according to
ASME Section VIII Div 2 [23]:

N, = 10 EUTSASy) 64)
¢ Finally, the total fatigue damage for k cycles is calculated as follows:
Ln
D= Z—k <1 (6.5)
=1

N,
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Further details about the elastic-fatigue calculations can be found in Sowoniski et
al. [29]. In addition, they presented a wide variety of design calculations examples
following ASME Section VIII Div 2 [23].

6.4. Results of the fatigue analysis

The fatigue analysis is performed for the SG start-up and shutdown with different
ramp rates on the evaporator temperature and HTF inlet temperature. In addition, the
fatigue damage of the 50% load change operation is also studied. A reference
transient case ("Ref.") is used for comparison. This transient case was previously
analyzed in Chapter 5. In addition, four transient cases are considered: two faster than
the reference case, "25% Faster" and "50% Faster", and two slower than the reference
case, "25% Slower" and "50% Slower". Table 6.1 shows the temperature ramps of each

transient case.

Table 6.1: Transient cases for SG fatigue analysis.

Transient case 50% Slower 25% Slower Ref. 25% Faster 50% Faster

Evaporator

temperature ramp 15 52 7 8.7 10.5
(°C/min)

HTEF inlet

temperature ramp 4 6 8 10 12
(°C/min)

To carry out the fatigue analysis on the SG are necessary numerous dynamic and
stress models. The heat exchangers are discretized along the tube length at least to the
baffle spacing (see Table 2.3) in order to obtain enough accurate results. To estimate
the thermal stresses on the steam drum and the heat exchanger heads, firstly it is
calculated the temperature field along the wall thickness where the radial coordinate
is discretized to obtain radial increments not higher than 5-10° m. The axisymmetric
temperature models for the tubesheet ligament and the tubesheet junction are
discretized in a grid of nodes where the radial and axial increments are not higher

than 102 m. Further details of these models are described in deep in Chapter 5.
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6.4.1. Fatigue analysis for the evaporator temperature

ramp operation during the SG start-up

Figure 6.3 shows the start-up simulation results for the different evaporator
temperature transient cases selected. The transient response of the SG using the
model described in Chapter 5. As it can be seen, a significant increment of the drum
pressure must be accomplished during the start-up from 34 bar to 106 bar (Figure 6.3-
a), whereas the temperature varies from 240 °C to 314°C (Figure 6.3-b). In Figure 6.3-
¢/d are illustrated the HTF inlet conditions to SG during the SG start-up.
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Figure 6.3: Simulation results for different evaporator temperature ramps. a) Drum
pressure; b) Drum temperature; ¢) HTF mass flow; d) HTF inlet temperature.

According to the results shown in Chapter 5, the critical points of the SG for the
fatigue analysis are: tubesheet ligaments, tubesheet junctions, SH nozzle-head
junction and steam drum-downcomer junctions. Among these points, the most

sensitive to the evaporator temperatures ramps are the SH nozzle and drum
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junctions. Figure 6.4 shows the stress evolution of these points for the different ramps
considered. Note that the two points are analyzed in the T-junctions, as was explained

in the stress model shown in Chapter 5.
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Figure 6.4: Stress results for different evaporator temperature ramps: a) Point 1 of the
drum-downcomer junction; b) Point 2 of the drum-downcomer junction; c) Point 1 of
the SH inlet nozzle-head junction; d) Point 2 of the SH inlet nozzle-head junction.

The fatigue analysis and the consequent lifetime estimation are computed in
accordance to ASME VIII Div 2 [23]. Five transient cases are considered for the
evaporator temperature ramp. In Figure 6.5 are shown the fatigue results. The lifetime
is calculated by dividing the number of allowable cycles into 300 start-ups and
shutdowns per year. In addition to TEMA X evaporator, the kettle evaporator is also
included in the fatigue analysis.

The results show that the kettle does not achieve the minimum lifetime required
of 25 years for the reference case. Since this case is the minimal value of the optimal

range of evaporator ramps considered by Ferruzza et al. [4], it can be concluded that
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kettle evaporator is not appropriate design for a PTPP. In contrast, the TEMA X
evaporator achieves the 25 years lifetime condition even for the "50% faster" transient
case.

The other critical point of the SG is the reheater (RH). This is because the high
stresses are obtained due to the temperature difference across the no-tube-lane zone
of the tubesheet, as it can be seen in Chapter 5. Note that the RH stress is not sensitive
to the evaporator temperature ramps, as was shown in the results. This means that
the critical stress is obtained according to the load state. The results show that the
lifetime obtained is around 18 years, violating the design condition of 25 years in spite
of the satisfactory results obtained in the stress analysis performed in Chapter 5. This
issue can be solved by two alternative design options: i) dividing the RH into two
heat exchangers in series or ii) using a U-shell/U-tube heat exchanger design to avoid
the high temperature difference in the no-tube-lane zone.

For the SH nozzle-head junction, a slightly lifetime variation is observed for the
transient cases studied. In a first step, it is expected a similar lifetime behavior of the
drum-downcomer junction. This makes sense since both parts showed similar stress
values for point P1 (Figure 6.4-a/c). However, a significant difference was obtained on
the stress on P2 (Figure 6.4-b/d), being more sensitive for the drum-downcomer
junction and hence this leads to higher variations on the lifetime calculations (Figure
6.5).

In case of EV, SH and PH tubesheets the calculations shows not significant
variations in the lifetime for the evaporator temperature ramps. Furthermore, their

lifetime is above 25 years with enough safety margin.

Evaporator temperature ramp
T T T T

| I 50% Faster

Lifetime [years]

Drum(Kettle) Drum(TEMA X) SHNo SHts RHts EVis PHts

Figure 6.5: Fatigue results for different evaporator temperature ramps.
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6.4.2. Fatigue analysis for the HTF inlet temperature ramp
operation during the SG start-up

Figure 6.6 shows the start-up simulation results for the different HTF inlet
temperature ramps. The temperature increment from 260 °C to around 393 °C. In the
transient case "Ref." is considered a evaporator temperature ramp around of 8 °C/min,
this means that the faster cases are around 10 and 12 °C/min, whereas the slow cases
are around 6 and 4 °C/min. It should be note, that HTF temperature rates are normally
below of 8 °C/min according to data reported in [30,31]. This is due to the high
thermal inertia of the solar field, combined with the lower solar radiation in the
morning. However, higher HTF temperatures of 8 °C/min would be possible for
PTPPs with HTF heaters.
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Figure 6.6: Simulation results for different HTF inlet temperature ramps: a) HTF inlet
temperature; b) SH outlet steam temperature.

Figure 6.7 shows the stress points most sensitive to the HTF inlet temperature
ramps, which are P1 and P2 of the SH nozzle-head junction. Although the temperature
step is similar for HTF and steam sides, the lower thickness of the SH nozzle on shell-
side compared to the nozzle of head-side, leads to significant thermal stress reduction.

As it can be seen, the point P1 has significant stress variation compared with point P2.
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Figure 6.7: Stress results for different HTF inlet temperature ramps: a) Point 1 of the
SH outlet nozzle-head junction; b) Point 2 of the SH outlet nozzle-head junction.

The results of the fatigue analysis for the different HTF temperature ramps are

shown in Figure 6.8. As it can be seen, the majority of the critical points of the SG are

insensitive for the HTF temperature ramps, except the SH nozzle-head junction. The

results show that the HTF temperature rates equal and lower to 8°C/min obtain

lifetimes higher than 25 years for the SH nozzle-head junction.
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Figure 6.8: Fatigue results for different HTF temperature ramps.
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6.4.3. Fatigue analysis for a 50% load change operation of
the SG

Figure 6.9 illustrates the 50% load change simulation results for different
evaporator temperature ramps. The evaporator temperature ramps studied are the
same as in the start-up case. The part load performance of the turbine is modeled as
sliding pressure operation mode. In addition, the steam turbine inlet temperatures are
kept constant during the load change operation. The 50% load change leads to a
pressure variation of 55 bar and the drum temperature variation is around 50°C. The
transient cases studied here are the same as considered for the evaporator

temperature ramps.
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Figure 6.9: Simulation results for a 50% load change: a) Drum pressure; b) Drum
temperature; c¢) HTF mass flow; d) HTF inlet temperature.

Figure 6.10 shows the most sensitive stress points for the load change operation:
the SH nozzle and steam drum junctions. As it can be seen, for the stress points P1is

more sensitive to pressure changes, whereas stress point P> are more sensitive for
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transient thermal stresses. This can be easily checked because the pressure stress are
always positive whereas the thermal stresses are positive for a cooling processes and

negative for a heating processes.
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Figure 6.10: Stress results for 50% load change: a) Point 1 of the drum-downcomer
junction; b) Point 2 of the drum-downcomer junction; c) Point 1 of the SH inlet nozzle-
head junction; d) Point 2 of the SH inlet nozzle-head junction.

The fatigue results of the 50% load change are shown in Figure 6.11. The results
are expressed as the fatigue damage equivalent to the start-up reference case
(Equation 6.6). As it can be seen, the highest fatigue damage is obtained for the SH
nozzle and steam drum junctions. The results follow a similar tendency to the start-up
fatigue results showed for the evaporator temperature ramp (Figure 6.5). This makes
sense because the load change operation is accomplished by means of a steam drum
pressure variation, which involves an evaporator temperature ramp. On the other
hand, the damage on the SH, RH, EV and PH tubesheets presents a low sensitivity for
a load change. This is because the steam turbine inlet temperatures are kept constant
during the load change. As explained in Chapter 5, the damage in tubesheets is
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dominated by the thermal stresses. Since the temperature variations are higher for the
start-up than the 50% load change operation, the thermal stress variations are higher
as well. As a result, the tubesheet fatigue damages are one or two orders of

magnitude higher for the start-up transient case.
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Figure 6.11: Fatigue results for a 50% load change transient case.

6.5. Conclusions

A fatigue analysis of the steam generator of a parabolic trough power plant is
carried out using ASME Section VIII Div 2 [23]. Two transient operations of steam
generator start-up are investigated: the evaporator temperature ramp and the heat
transfer fluid temperature ramp. In addition, a 50% load change of steam generator is
also studied. The stresses are calculated using the models described in Chapter 5,
which have been validated with finite element simulations.

The results of the fatigue analysis for the steam generator start-up and shutdown
show significant variations on the lifetime of the steam generator components when
different evaporator temperature ramps are used. An extremely low lifetime (18 years
considering 300 start-ups per year) is obtained for the reheater due to the high
thermal stress obtained on the tubesheet. This push the need to sought other design
alternatives for the reheater. The results show that the load change operation
produces the higher fatigue damage on SH nozzle and steam drum junctions. In
addition, it is observed a very low fatigue damage on heat exchangers tubesheets

during the load change operation.
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As a result of the fatigue analysis, it is shown that the TEMA X evaporator
provides a very good alternative against kettle evaporator. The TEMA X evaporator
allows the reduction of the steam generator start-up time with temperature ramps

until 9 °C/min obtaining a enough safe margin on its lifetime.

Nomenclature
Abbreviations

CCPs: combined-cycle plants.

CSP: concentrating solar plants.

EV: evaporator.

EVts: evaporator tubesheet.

HCEF: high cycle fatigue.

HRSG: heat recovery steam generator.
HTF: heat transfer fluid.

LCF: low cycle fatigue.

PH: preheater.

PHts: preheater tubesheet.

PPTP: parabolic trough power plant
RH: reheater.

RHyts: reheater tubesheet.

SG: steam generator.

SH: superheater.

SHNo: superheater nozzle outlet.
SHts: superheater tubesheet.

UTS: ultimate tensile strength.

Symbols
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D : fatigue damage (-).
Deq : fatigue damage equivalent to the start-up reference case (-).

E : modulus of elasticity (MPa).
F : peak stress (MPa).

K, fatigue penalty factor (-).

K 1« fatigue strength reduction (-).

Kwk : Poisson's correction factor (-).

N,  : number of allowable cycles (-).

fz: primary local membrane stress (MPa).

Pm : primary general membrane stress (MPa).

E, : primary bending stress (MPa).

0: secondary stress (MPa).

S': maximum allowable stress defined in ASME Section II [28] (MPa).
S « - allowable stress amplitude for fatigue analysis (MPa).
SPS : maximum allowable stress for ratcheting analysis (MPa).
S, : yield stress limit (MPa).

E, : primary bending stress (MPa).

¢ : thickness (m).

Y : vertical coordinate (m).

Greek Symbols

AS i : effective alternative stress (-).

a

AS «: equivalent alternative stress (-).

n,
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AS

AS

P,

L

r - equivalent thermal stress (-).

« : equivalent peak stress (-).

o :stress (MPa).
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CHAPTER
SEVEN

Conclusions

In this thesis the design and the dynamic analysis of the heat exchangers of the
steam generator for parabolic trough and solar tower power plants was presented.
The heat exchanger design was made following TEMA standards and ASME Pressure
Vessel code. Genetic algorithms were used to obtain feasible and optimized heat
exchanger designs. Several analytical models were proposed to estimate the dynamic
response and the stresses of the heat exchangers. This approach based on low-time
consumption models can be considered a powerful tool as it can be used to optimize
the steam generator operation, allowing the estimation of the lifetime material
consumption in real time.

In Chapter 2 a methodology for the design of the heat exchangers of the steam
generator and oil-to-salt heat exchangers in a 50 MWe parabolic trough power plant
was presented. The economic analysis obtained the global optimum for 4.85 °C for the
evaporator pinch point and 293 °C for the outlet temperature of the heat transfer fluid.
The best steam generator design consists of TEMA H shell for superheater and
preheater and TEMA F shell for reheater. A TEMA X recirculation evaporator was
proposed as alternative of kettle evaporator. The best design for the oil-to-salt heat
exchanger consists of six TEMA F shell heat exchanger in series with a log mean
temperature difference of 7 °C and the molten-salt placed on the shell-side.

In Chapter 3 a methodology for the design of the heat exchangers of the steam
generator of 110 MWe solar power tower plant was presented. The preliminary
economic analysis shows that the forced circulation evaporator design presented
lower annual costs (capital and operation) than natural circulation design. The

proposed designs for the steam generator consist of U-shell type for superheater and
189
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reheater, TEMA E shell forced circulation evaporator and TEMA F shell for preheater.
Two configurations were analyzed: with one or two parallel trains. The economic
analysis reveals the optimum evaporator pinch points of 2.6 °C and 3 °C, respectively.

A daily start-up simulation of the steam generator of solar power tower plant was
performed in Chapter 4. Two initial start-up conditions were analyzed. The first
assumes non-isothermal temperature profiles on the heat exchangers at the beginning
of the start-up. The steam generator start-up takes around 50 minutes with a thermal
energy consumption of 70 MWhu. The second approach assumes isothermal initial
conditions in the heat exchangers as a result of the cold salt circulation through the
steam generator during the night to reduce the risk of salt freeze. In this case, the
start-up time is around 110 minutes with a thermal energy consumption of 80 MWh.
For both start-ups the most limiting stresses are obtained at the tubesheet junction.
Furthermore, two start-up feedwater heat-up systems were analyzed. The first one
consists of water circulation from steam drum, whereas the second one consists of
steam circulation. It is observed that the second system provides suitable outlet
preheater salt temperatures reducing the potential salt freeze risk.

A dynamic analysis of the steam generator of a parabolic trough plant was
presented in Chapter 5. A start-up simulation is performed using relatively high
temperature ramps for the thermal oil inlet and evaporator. The results are successful
for the proposed steam generator design because the ratcheting and magnetite
protection stress limits are not violated. The start-up requires around 45 minutes and
a thermal energy of 36.4 MWh. The higher thermal stresses are obtained on the no-
tube-lane of the U-tube tubesheets of the heat exchangers, especially in the reheater.
The comparison study between TEMA X recirculation and kettle evaporators reveals
a thermal stress reduction about 35% for the first design.

Lastly, a fatigue analysis of the steam generator of a parabolic trough plant was
performed in Chapter 6. Two transient operations of steam generator start-up were
studied: the evaporator temperature ramp and the heat transfer fluid temperature
ramp. In addition, a 50% load change of steam generator was also studied. The
stresses were calculated using the models described in Chapter 5, which have been
validated with finite element simulations. The results showed an extremely low
lifetime for the reheater due to the high thermal stress obtained on the tubesheet. This
pushes the need to improve the reheater design. On the other hand, it was shown that
the TEMA X evaporator provides a very good alternative against kettle evaporator.
The TEMA X evaporator allows the reduction of the steam generator start-up time

with temperature ramps until 9 °C/min obtaining a enough safe margin on its lifetime.
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Appendix A. Evaporator calculations

The properties of the two phase flow on the tube side have great changes along the

tube length, therefore the evaporator is discretized with N =N, and M =N, .

Figure A.1 shows the heat exchanger discretization cell model.
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Figure A.1: Heat exchanger discretization cell model.

The energy balance in each cell leads to Equations A.1, A.2 and A.3. In the first

step, the two-phase heat transfer coefficient on tube side ht,local and the overall heat

191
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transfer coefficient U

wca @re calculated by means of the initial conditions (the inlet

salt temperature and the inlet steam quality). Then, the local heat flux, the salt outlet
temperature and the outlet steam quality are calculated using Equations A.1, A.2 and

A 3. Furthermore, local properties are evaluated in each cell: the two-phase zone (

zone,, ), the critical heat flux (gq,,, ), the two-phase velocity (v,) the two-phase
pressure drop (APW ). The process is repeated until the sum of local heat flux is
qu =@, . Then the evaporator heat transfer area is calculated as: A =AA-N-M

and the pressure drop on tube side: AP, ZZABp . A schematic of the evaporator

calculations is shown in Figure A.2.

MG, j)=U,, i )M, G, H-T,) (A1)
T ) =2 (A2)
rnsa Cp,xa

Aq(i. /)

e e

x, @) =x,0/)+ (A3)

Figure A.2: Scheme of the evaporator calculation.
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Appendix B. Tubesheet stress calculations

Since ASME Section VIII-Division 1 or/and TEMA standards does not takes into
account thermal loads, the method proposed by O'Donnell et al. [36] is used for
tubesheet thickness calculation. The main equations for the stress calculations
proposed by O'Donnell et al. [36] are shown in Table B.1. Also, an schematic of the

main tubesheet zones is illustrated in Figure B.1.

AP
Ligament F‘ lFl"

>} No-tube-lane
- g zone Tp s “TH

Rim zone IJ:A B IJ:lI

Figure B.1: Schematic of Tubesheet zones.

The calculation process of the tubesheet stresses is described in the following steps:
e  Calculation of the effective elastic constants according to O'Donnell et al. [36].

e Calculation of the stresses due to the pressure load in an equivalent solid plate

in the radial, ¢, and tangential, o, directions.

e Calculation of the stress due to the thermal loads using Equation B.5 where:

o t _
c,=0,=0

skin *

e The stress of an equivalent solid plate, o, , is calculated considering only the

pressure load where : o, =max(|0'g|,|0';" |) Then, the average stress across
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ligament at either surface of plate is calculated using Equation B.1 which must

be lower than: Oy <158§,.

Calculation of the average stress across ligament and through thickness using

Equation B.2 which must be lower than: S, <§, .

The stress of an equivalent solid plate, o, , is calculated combining pressure and

thermal loads where: o, = max(|0'§’ +O';,|, o’ +O':,|) .Then, the average stress

across ligament at either surface of plate is calculated using Equation B.1 which

must be lower than: Oy < 3S,.

Table B.6.2: Main equations for stress calculations proposed by O'Donnell et al. [1].

Load

Stress intensity Equation

Pressure and thermal

Pressure

Pressure and thermal

Pressure and thermal

Thermal (skin effect)

Thermal (temperature
difference across no-tube-
lane zone)

Thermal (temperature
difference across no-tube-

lane zone)

Average across ligament at either

surface of plate

Average across ligament and through
thickness

Peak in ligaments

Peak at perforations adjacent to rim

Peak at surface

Peak in ligaments

Peak at holes adjacent to no-tube-lane

zone

R
Gy = K;\o-l\ (B.1)

Sy :f[(%] +(0,-)2} (32)

O-mxx

O-max

max

max

max

~Yo,+P (B3)
=Ko, +P (B4)

_Ea,(T,-T)

2 (B5)

- KE a,(T, -T.) (B.6)
2

_KpEa, (T, =T) (57
2(1-v)
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Appendix C. U-Tube stress calculations

The U-tube stress calculations are performed following the methodology
proposed by Singh et al. [2].
Based on the elasticity theory, the energy deformation of the tubes in the straight

and curve sections can be calculated as follows:

NZ V2 MZ
U=|—ds+|—ds+|— (C1)
2EA 2GA 2E1
The forces and displacements can be related using Castigliano’s theorem:
ou ou ou
oP OR oM

Then, the moment on a generic point (M, ) can be written as function of the stiffness
K, and the rotation angle «; as: M, = K,a,. The stiffness is expressed as function of
K, =f(a,L,L,,E,I).Since the rotation angles ( &, ) are unknown, initial values must
be set for the stiffness calculation (X, ), and then the matrix [B] can be calculated.
The rotation angle (¢,), the vertical force (R) and the axial force (P) in leg 2 are

calculated as follows:

a, o
R }=[B]'{2A-¢ —¢, (3)
P 0

where 0 is free thermal expansion of legl over leg 2, A is the increase in the radius of
the U-bend due to its temperature rise, & and &, are the vertical displacements of

leg 1 and 2, respectively. The rotation angle in leg 1 is calculated by means of the

moment equilibrium on U-bend:

a —i(K"a +2Pr—R(S -S.))
I_Ko 2O 17 P2 (C4)

1



Appendix 196

where 7 is the U-bend radius, S, and S, are the overhang longitudes. At this point,
the rotation angles are known, and then the values of stiffness can be recalculated
obtaining K. The process is repeated until the convergence of stiffness values is
achieved: AK, =K, — K <tol . Once the problem is converged, the stress on the U-

bend is calculated as follows:

M(O)=M, +R(S, +rsin6) +Pr(l1-cos 6) (C5)

y M@©) C,

o(0) = (C.6)

where y is the stress intensification factor for the U-bend and C,is the outer tube

radius.
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