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ABSTRACT

This thesis uses a high fidelity vertical plane ride model of the tractor semi-trailer to study the
effect of different cab design configurations and semi-active seat damper control strategies on

the driver’s ride comfort.

The secondary suspensions of a tractor have been an area of particular interest because of the
considerable ride comfort improvements they provide. A gap exists in the current engineering
domain of an easily configurable high fidelity low computational cost simulation tool to
analyze the ride of a tractor semi-trailer. A 15 degree of freedom model of the tractor semi-
trailer was used to develop a simulation tool in the Matlab/Simulink environment. The
simulation tool developed was verified against TruckSim. The contributions of the different
modes of vibration to the ride comfort were analyzed. It is shown in this work that the ride at
the driver’s seat can be significantly improved by relocating the cab mounts near the nodes of
the 1st mode of bending of the tractor frame and by employing a full cab suspension. The

developed simulation tool was used to quantify the improvements in the driver ride comfort.

To develop seat isolation systems, the truck seat was modeled as a base excited 1 d.o.f. system.
It is shown in this work that two optimal solutions exist depending on the spatial
characteristics of the base excitation. One of the optimal solutions can be physically realized
in the form of a passive spring and a passive damper in parallel. The other optimal solution
can be approximated by a passive spring and a continuously variable damper in parallel. A
fuzzy logic based switch mechanism was developed to switch between two realizations of the

optimal solutions. A recursive least square estimator was developed to estimate the seat load

i



and the stiffness of the spring using the same signals as the controller thus allowing universal
application of the seat damper controller. The resultant controller is shown to provide the best

ride comfort over various types of road surfaces.

A model predictive controller for the seat damper was also developed for this work. A novel
method was developed to model the bounds on the seat suspension stroke as hard constraints
of the optimization problem. An efficient scheme was developed to include the frequency
weighted acceleration in the performance index of the optimization problem. It is shown in
this work that the MPC based seat damper controller provides better ride comfort in some

specific scenarios.

This work contributes towards the furthering the knowledge-base of the issues encompassing
the ride quality of a tractor semi-trailer. The efficacy of the developed tractor semi-trailer ride

simulation tool as a design and analysis tool is presented in this work.

il
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CHAPTER 1

INTRODUCTION AND MOTIVATION

1.1 Motivation

It is well known that the ride quality of trucks is much harsher than that of automobiles.
Additionally, truck drivers typically drive trucks for much longer duration (up to 16 hours per
day) than automobile drivers. These two factors contribute to the fatigue that a truck driver
typically experiences during long haul deliveries. Fatigue reduces driver alertness and increases
reaction times, increasing the possibility of an accident. Due to the size of trucks, accidents
involving trucks cause much more damage than automobiles. One may conclude that better

ride quality contributes to a safer vehicle.

A study conducted by the Federal Motor Carrier Safety Administration [1] investigated 967
crashes between 2001 and 2004. The study found that truck driver fatigue directly contributed
to the accidents in at least 13% of the accidents. Driver recognition and decision error which
might be brought about partly by driver fatigue were the most cited critical reason (42%) for

the accidents.

There are various factors that affect ride quality. Though lots of studies have been done to
improve the ride quality in automobiles, considerably fewer studies have been performed on

the ride analysis of trucks. The significant factors that contribute to ride quality of a truck are

e Axle Suspension,



e Frame flexibility,

o Tires,

e Road surface,

e Cab suspension, and

e Seat Suspension.

Most trucks in North America are designed as cab-over-frame. This means that the cab body
is suspended over the truck frame. This is the main difference in the design of a truck and an
automobile. The cab suspensions provide engineers with another parameter to improve the
ride quality. Most trucks sold in North America have a rear cab suspension design. The front
of the cab is mounted on the frame (with elastomers). Various suspension technologies are
available for rear cab suspension. Most common among these are air springs and hydraulic

dampers.

Recent advancements in variable hydraulic dampers and the emergence of variable rate
magneto-rheological (MR) dampers provide a unique opportunity to improve ride quality of

trucks.

1.2 Outline of the Thesis

A brief overview of the subsequent chapters of the thesis is presented in this section.

In chapter 2 a general overview of the existing literature in the area of heavy truck ride is

presented. The literature review covers three fundamental aspects related to the heavy truck



ride. The first aspect deals with the modeling of the tractor semi-trailer and the performance
metrics used to quantify ride quality. The second aspect deals with the available tractor design
choices to improve driver ride. The third aspect deals with the control strategies for semi-

active suspensions. The chapter presents the state of the art on each of these aspects.

In chapter 3 the models used to analyze the ride of a tractor semi-trailer are described. The
simulation tool developed in the Matlab/Simulink environment based on the model is also
introduced. The road model and the road input generation tool is also described. The
performance metrics used in this thesis to evaluate the driver ride quality is also described.
Lastly the results of the validation against TruckSim, a commercially available truck dynamics

simulation tool, of the developed model are discussed.

In chapter 4 improvements in driver ride quality due to cab and frame design choices are
explored. The ride results of the baseline model are presented and an in depth analysis of the
various modes contributing to the truck dynamics is performed. The effect of tractor frame
beaming frequencies on driver ride comfort is analyzed. The benefits in ride comfort of the
full cab suspension over a conventional cab with only rear suspensions are discussed. The
hypothesis of placing the cab mounts close to beaming nodes is explored using the developed
simulation tool. A methodology to find the optimum location of the cab mounts for both rear

cab suspension and full cab suspension configurations is discussed.

In chapter 5 control strategies for a semi-active seat damper are discussed. The optimal policies
for seat isolation for different spatial characteristics of the seat mount excitation are presented.

The limitation of the Skyhook law for semi-active damper control is discussed. A novel semi-



active damper control strategy involving a fuzzy switch mechanism is developed. The driver
ride improvements due to the new control strategy are presented. Two novel model predictive
semi-active damper control strategies are developed. The strengths and weakness of the MPC

based control strategies are discussed.

Finally chapter 6 summarizes the main conclusions of the thesis and makes recommendations

for future research.



CHAPTER 2

LITERATURE REVIEW

2.1 Performance Metrics, Modeling and Ride Quality

Ride analysis of tractor semi-trailers has been a subject of engineering study for almost five
decades. A model of the vehicle that accurately represents the dynamics of the vehicle and that
is not computationally costly is a very useful tool to analyze the vehicle ride. This section will
introduce the main developments in the modeling of a heavy truck. Mathematical models and

actual vehicles can then be used to identify the main components that affect the ride quality.

To evaluate the ride quality of a vehicle, various performance metrics have been developed.
The most commonly used performance metric is the methodology laid out in ISO 2631[2,3].
ISO 2631 comfort levels are discussed in more detail in section 3.3. A procedure for evaluating
exposure when high level shocks are involved is not laid out in ISO 2631. Paddan, et al. [4,5]
suggest an alternative performance metric to evaluate ride comfort called vibration dose values
(VDV). The VDV uses frequency weighted acceleration along each axis and the exposure

duration.
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where a(?) is the frequency weighted acceleration time history.



This thesis uses the methodology laid out in ISO 2631:1774 and ISO 2631:1997 to evaluate

the ride quality.

Heavy truck cab and seat suspensions have been an area of particular interest because of the
considerable improvements they provide in ride comfort. Use of a cab suspension to improve
truck ride has been studied since the late 1960s. Foster [6] studied the effect of a full-cab
suspension for a cab-over-engine (COE) tractor using prototype vehicles. He concluded that
the natural frequency of the cab suspensions should be lower than 3Hz to isolate the cab from
the chassis modes. Flower [7] also assessed the ride quality of a COE tractor fitted with either
a front or a rear cab suspension to study the effects of cab isolation system on ride. The study
evaluated the ride using a planar 54 d.o.f model and also used four professional drivers to
subjectively evaluate the cab isolation systems. The model included Euler-Bernoulli beam
bending representations for both the tractor and the trailer frames. He modeled the tractor
frame using three discrete beams connected end to end. The study found that the rear cab
isolation was easier to install and provided some ride benefits due to decoupling of the cab
motion from the frame bending. The front cab isolation system provided noticeably superior
ride compared to the rear cab system or a cab without isolation system (standard configuration
during 1978) though the installation of the front cab isolation system is more challenging.

Tractors having rear cab isolation are now the industry standard.

Gross, et al. [8] studied the effect of a four-point air cab suspension for conventional U.S.
trucks on driver ride comfort. The study employed a 32 d.o.f three dimensional model of the
truck. Their study concluded that the full cab suspension provided significant improvement

in the ride comfort. Field, et al. [9,10] used a finite element model of a conventional U.S. heavy



truck to assess the ride quality. They investigated the effects of the cab isolation system at the
rear mount both with a computer model and by testing a prototype Department of Energy
class 8 truck. Their study found about 20% improvement in ride with the use of a cab isolation

system at the rear as compared to the cab hard mounted to the frame.

Another way to improve the ride quality is to optimize the suspension parameters for
minimum vertical and horizontal acceleration at the driver’s seat. Jain [11] studied the effect
of various passive cab suspensions on ride comfort using an Adams model of a cab-over
engine tractor-trailer. He used ISO-2631 [3] guidelines for target setting in numerical
simulation. He found that for a conventional tractor setup, with the cab mounted to the truck
frame at the front and suspended at the rear, the effect of tractor rear suspension stiffness on
cabin ride was not significant. He achieved a significant improvement in ride through the
application of a low frequency (1.8 Hz) suspension system at the front of the cab. Rajan, et al.
[12] used a quarter car model of the truck to improve the ride comfort by optimizing the cab
suspension with the spring and the damper as the tuning parameters. Their study showed the
effectiveness of lumped mass modeling to analyze the ride of rigid trucks. Recently, Ksiazek,
et al. [13] developed an optimization routine to find the values of the isolation components
that minimize the driver’s and the cargo ride discomfort. The method was applied to a 9 d.o.f.
tractor semi-trailer model. By applying the method the authors observed significant reduction

in the seat accelerations and relative displacements between the axles and frames.

Most studies on truck ride agree that the presence of the front cab suspension or a full cab
suspension significantly improves the ride. However installing a front cab suspension provides

many design challenges. Also due to the dominance of rear cab suspensions in the North



American market, retrofitting a full cab suspension to existing on-road trucks would be both

time consuming and costly.

Bending of the frame has a large bearing on the ride quality of the truck. Among other aspects,
Gillespie [14] studied the influence of frame stiffness on the transmission of road inputs to
the cab of a cab-over-engine tractor. He identified the first vertical bending mode to occur in
the 6-9 Hz range. Margolis, et al. [15] used the bond graph method to model a flexible frame
which is supported by springs and dampers at its ends. Cao [16] used the commercial software
NASTRAN to model the truck frame of a single drive axle, cab-over-engine truck and
validated the model using the frequency response analysis method. He looked at three
approaches to reduce truck beaming but did not consider many vehicle components. The
study concluded that the most effective method to reduce beaming was to align the rear
beaming node with the rear axle. Ibrahim, et al. [17] also looked at the effect of beaming on
ride quality. They used finite element methods (FEM) to compute power spectra for truck
models using both rigid frames and multi-element frames. The results confirmed previous
work that found that frame flexibility strongly affects the accelerations of the truck as well as

the occupants.

Vaduri [18] developed a linear 12 d.o.f. tractor semi-trailer model. He modeled the tractor
frame as an Euler-Bernoulli beam with both the ends of the beam free. The first mode of
bending of the frame was included in the ride model using the assumed mode method. A
tractor frame with a natural beaming frequency of 18.9 Hz, which is considerably higher than
the typical beaming frequency, was used for simulation. Two types of tire models, the point

contact and the fixed footprint tire models, were used for the simulation. The thesis



investigated the effect of tire non-uniformities, a seat suspension and various cab suspensions
on the driver’s ride comfort. The study concluded that tractor frame beaming contributed
significantly to the longitudinal acceleration at the driver’s seat since the driver seat is at a
considerable height above the frame. The study also found that the vehicle with a rear cab
suspension had better vertical ride but worse longitudinal ride compared to a vehicle with no
cab suspension and a front cab suspension provides better ride in both the longitudinal and
vertical directions compared to a rear cab suspension. Law, et al. [19] used a version of
Vaduri’s model to compare the ride response of trucks fitted with conventional dual tires and
wide-base tires. The study found that the less “stiff” wide-base tires provided better ride in the

wheel hop range (~9 -13 Hz).

Trangsrud [20] built on the work of Vaduri and developed a 14 d.o.f. tractor semi-trailer
model. Also, his model included beaming of the semi-trailer together with the engine heave
with respect to the tractor chassis. Using frequency analysis methods the study investigated
the effects on ride of (a) the new wide-base tires developed by Michelin, (b) tire non-

uniformities, and (c) friction in the suspension system.

Spivey [21] built on the work of Trangsrud and Vaduri to develop a linear 15 d.o.f. model of
the tractor semi-trailer. His model included the effects of the possible presence of a suspension
at the fifth wheel joint. Euler-Bernoulli beams with “free-free” and “free-pinned (at the fifth
wheel)” boundary conditions were used to represent the tractor and trailer frames in this study.
He investigated the effects of cab and seat suspension on the isolation of the driver from the
road inputs. Among the parameters he investigated were the cab and seat suspensions, tractor

axle suspensions, fifth wheel suspension, frame bending vibrations, and tractor wheelbase. His



study concluded that inserting a fifth wheel vertical suspension system in a rear cab suspended

truck was detrimental to the ride comfort of the driver.

Jiang, et al. [22] provide an in-depth literature survey on the evolution of tractor semi-trailer
models. The study reviewed seven different tractor semi-trailer models and five driver seat
models. Their study concluded that the cab suspensions and the seat suspension are the only
components that can modify the ride comfort of a heavy vehicle without affecting the road
holding capabilities of the vehicle. The study also showcased the importance of a driver/seat

model to the ride analysis.

Patricio [23] compared the effects of two different cab suspensions and the effects of two
different truck frames on ride comfort using a prototype tractor vehicle. His study found
improvements in ride comfort with use of lightweight truck frames and a prototype rear cab
suspension. Interestingly, though there was improvement in the vertical ride, the longitudinal

ride comfort deteriorated with the use of prototype shocks.

An interesting approach to reduce the effect of frame beaming was explored by Anderson
[24]. He developed and tested a tuned mass damper (TMD) to reduce the frame beaming
vibration. The study found the ideal location to mount the TMD was at the tail of the tractor
frame. The ideal mass for the damper was found to be 1/ 20" of the effective mass at the
mounting location. The tuned absorber was effective in reducing the transmissibility from the
rear drive tire to the B-pillar by about 60%. This approach provides an alternative route to

reduce the effect of frame beaming on the ride quality.
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The coupling of the frame beaming motion with the cab motion significantly affects the ride
dynamics of a truck. Locating the cab suspension to minimize this coupling effect can be an
effective way of improving the ride quality. A gap exists in the current literature on the effects
of varying the cab mounting positions on the ride quality. Another important factor affecting
the ride quality is the available design space for the various suspensions. In particular, the seat
suspension design space is critical to the ride quality especially on rough road surfaces and at
high speeds. This thesis includes a model of the bump stops for the seat suspension to

accurately evaluate the ride at the driver’s seat.

2.2 Semi-active Suspensions and Control Strategies

Recently much study has been performed on semi-active suspensions for heavy vehicles. The
concept of semi-active suspensions dates from 1970s. Recent developments in control theory
and the development of variable valve dampers, and magnetorheological (MR) dampers have
made semi-active suspensions feasible. MR dampers have been developed and implemented

TM) .

in production vehicles by Lord Corporation and Delphi (Magneride
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Figure 2.1: Magneto-Rheological Seat Damper, Lord Corporation [25]

Semi-active suspensions allow variation of the viscous damping coefficient based on some
control strategies using a small source of power. They differ from active suspensions in that
they cannot provide positive energy to the suspension systems. Also, semi-active suspensions
are inherently stable systems. Semi-active suspensions consume significantly less power
compared to fully active suspension systems. Active seat suspension have been recently
developed by Bose Corporations and successfully implemented on commercial trucks [26].
This section will provide the main developments in physical realization of semi-active
suspension and strategies to control the semi-active suspension to provide the best ride

comfort.

Bender [27] proposed the idea of using linear optimal control theory with quadratic
performance index for the design of active vehicle suspensions. Karnopp, et al. [28] provided

the basic groundwork for analyzing semi-active suspensions. The study showed that when

12



quadratic performance criteria involving the sprung mass acceleration and the relative
displacement are used the optimal suspension system is a passive spring and an ideal
“skyhook” damper. The concept of “skyhook” damper is explained in section 5.3. Based on

the ideal “skyhook” damper the paper presented the skyhook law for a semi-active damper.

Alanoly and Sankar [29] and Jolly and Miller [30] independently developed a control strategy
for a variable damper system to minimize the sprung mass acceleration. According to the
suggested control strategy, the damping force is set to zero when the damping force and the
spring force are in the same direction and the damping force is adjusted to balance the spring
force when they act in the opposite direction. This control strategy has been called the
Rakheja-Sankar (R-S) law or the quadrant law or relative control law. This law is discussed in

more detail in section 5.10.

Margolis [31] used frequency analysis methods to study a semi-active system to control the
heave and pitch motion using a 4 d.o.f system model. He concluded that semi-active isolation

systems are far superior to a conventional system near its resonance frequency.

A majority of studies involving semi-active suspensions are for passenger vehicle axle
suspensions which have different design requirements to secondary truck suspensions. Song
[32] explored some of the issues concerning the practical implementation of a semi-active
skyhook system to a seat suspension for heavy trucks. The skyhook control strategy requires
relative and absolute velocities of the suspended object. He examined various continuous
skyhook control strategies and analyzed the dynamic response of the semi-active system. The

simulation results based on a non-parametric model of the MR damper revealed “jumps” in
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seat acceleration concurrent with the switching of the dampers from the off to the on state.
His analysis led to the formulation of two modified skyhook control strategies to mitigate this
jerk: Continuous Skyhook Function control and No-jerk Skyhook control. These modified
skyhook control strategies decreased the acceleration and jerk at the seat. However these
strategies work over a fairly narrow bandwidth and thus would not be suitable for cab or axle
suspensions. The effect of hitting the seat suspension bump stops were not explored in this

study.

ElMadany has done extensive simulation work describing both fully active and semi-active cab
suspension systems and comparing their performance with passive systems [33-36]. EIMadany
used simulations to test a fully active cab suspension with a linear stochastic optimal controller
with great success . These studies used a linear lumped parameter 10 d.o.f. tractor semi-trailer

model.

Moline [37] proposed a controller for a two-state semi-active rear cab damper. The proposed
controller was analyzed on a 12 d.o.f. tractor semi-trailer model. This model did not include
frame beaming degrees of freedom. The study did not find any significant improvement in
ride comfort. But the study also concluded that there can be significant improvement in ride

comfort with other control strategies.

Tersel [38] used a 4 d.o.f. truck model to study various suspension concepts applied to the 4-
point cabin suspension. A 4 point cab suspension is more typical in Europe. The work
concluded that there was limited potential improvement of driver comfort with the existing

concepts. The study also proposed a control strategy for semi-active cabin suspension based
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on linear quadratic optimal control and linear parameter varying theory. The developed control
strategy was found to improve the ride comfort by more than 12% compared to the baseline

suspension within the suspension working space.

Marcu [39] implemented variations of the skyhook control policy for 4 point cab suspensions
and described the benefits in ride comfort of the skyhook policy variations. The study also
developed a Hierarchical SemiActive Control (HSAC) with the objectives of keeping the
suspension from hitting the bump-stops, and to control the skyhook gain online for best ride
comfort. The study found that the HSAC controller provided better ride in the sleeper portion

of the cab compared to the baseline configuration.

Kok, et al. [40] suggested a preview based optimal control system using a Kalman filter for
both active and semi-active suspension systems at the rear axle. They did not find any
improvement in ride comfort with the use of the preview based optimal control strategy for a
semi-active suspension. leluzzi, et al. [41] analyzed ride comfort and lateral dynamic
characteristics of a cab-over-engine, single-drive axle tractor with semi-active axle suspensions.
They used an Adams model of the truck to test the efficacy of the suspension control system.
They developed a control strategy composed of three tasks. The first control task reduced the
vibration of the frame. The second control task moderated the vehicle roll motion and the
third task managed the pitch motion under braking maneuvers. To control the vehicle vertical
motion, the controller used a linear combination of a skyhook damper and a passive damper
(modal skyhook law). Their study found perceivable improvements in ride and lateral dynamic

characteristics of the truck.
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Recent advancement in computational power has seen the emergence of model predictive
controller (MPC) for semi-active suspensions. The control problem in this case is reduced to
an optimization problem at each time step. If the performance index is quadratic and the
system and constraints are linear the MPC problem can be solved efficiently using quadratic
programming (QP). The constraints imposed due to the dissipative nature of the semi-active
damper are not a linear function of the states of the system. Canale, et al. [42] developed a
“fast” MPC strategy for semi-active dampers in road vehicles. The developed control strategy
was simulated using a 2 d.o.f. quarter car model. The study found reduction in the sprung
mass acceleration and sprung mass relative displacement compared to the skyhook law.
Cseko, et al.[43] developed an explicit MPC controller with Kalman filter for a road vehicle
semi-active suspension. They used a quadratic performance index incorporating the sprung
mass acceleration, suspension deflection and tire deflection. The control strategy was
simulated using a 2 d.o.f quarter car model. The study found that the developed control
strategy yielded a lower value of the performance index when compared to a full-state feed-

back controller.

Though MR dampers are the most popular semi-active damper, other types of semi-active
suspension systems have also been developed in the last two decades. Eslaminasab [44]
developed a semi-active twin-tube damper with an internal variable solenoid-actuated valve
that generated four distinct linear damping rates (very high, high, low and very low damping
coefficient) and evaluated the ride and rollover performance of the system when used at the
axle suspensions. The study analyzed the performance with two different controllers for the

semi-active dampers on a 2 d.o.f. quarter car ride model and on a 4 d.o.f roll-plane vehicle
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lumped-mass model. The control algorithms used concepts of neural networks and fuzzy
logic. Both skyhook and ground hook control theories were analyzed. He concluded that the
proposed neuro-fuzzy based R-S controller for the developed semi-active suspension

improved the ride comfort when compared to skyhook or two state R-S controllers.

Giliomee, et al. [45] developed a semi-active hydropneumatic spring and damper system for
heavy off-road vehicles. This system is able to switch between a soft and hard stiffness as well
low and high damping. He discusses the construction of the hydropneumatic spring-damper
system. The system consists of a hydraulic actuator connected to two different sized
accumulators through a hydraulic damper. The flow to the larger accumulator can be cut off
or reduced using a solenoid valve. This arrangement allows two state spring stiffness. Also the
fluid flow from the actuator to the accumulators can be achieved through a bypass valve. The
damper and bypass valve arrangement allows a two-state damper system. The system is shown

in the Figure 2.2.
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Figure 2.2: Hydropneumatic Semi-Active Spring Damper System [26]

Giliomee was able to achieve two distinctive spring stiffness values with the above system.
The system shows a fairly linear response with each of these.. A maximum spring force of 50
kN was achieved with the system. By operating the bypass valve, two state damping was also
achieved though in the 'off' state the damping rate was not equal to zero. This was due to
various leakages and flow losses. The response of the damper in the “on” state is not linear
with respect to the damper velocity. In the “on” state at high damper velocities the suspension
system is less sensitive to change in velocities. The author found this to be a property of the
hydropneumatic system. Solenoid valves were used for the system. The valve response time
was between 70-170 milliseconds. Using the hydropneumatic suspension the authors

demonstrated better ride comfort for a 1-d.o.f. system on a test rig.
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Deprez, et al. [46] modeled and analyzed a semi-active hydropneumatic suspension for
isolating the cabin of agricultural tractors. The modeled system gave results in close accordance
to the experimental results with matched inputs. The passive system (‘on' state for both
damper and spring) was optimized using a goal function based on the objective comfort
parameters as outlined in ISO 2631 [3] and BS 6841 [47]. For semi-active damping two
modified skyhook laws were explored. Experimental results showed that the semi-active
suspension improved the comfort values by 30% as compared to the optimized passive

system.

Most control strategies developed for the seat suspension have been analyzed using a 1 d.o.f.
ride model. Since the ride is greatly affected by the excitation to the system it is important to
characterize the excitation correctly to have meaningful results. In this thesis the performance
of the control strategy for the seat damper is analyzed using the full truck ride model. The
control strategies developed for the semi-active suspension involve a trade-off in the sprung
mass acceleration and the suspension stroke. A good control strategy must provide a good

ride on all types of road surfaces and at all permissible vehicle speeds.
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CHAPTER 3

TRACTOR SEMI-TRAILER MODEL AND VALIDATION

3.1 Model Description

A cab-over-frame tractor with basic flatbed semi-trailer was modeled in this thesis. The tractor
semi-trailer model contains 15 degrees of freedom (d.o.f.), 10 d.o.f. for the tractor and 5 d.o.f
for the trailer. The equations were derived using Newtonian and Lagrangian mechanics. The

degrees of freedom describing the tractor semi-trailer model can be found in Table 3.1.

Table 3.1: Degrees of Freedom of Tractor Semi-Trailer

Sr. No Description Symbol
1 Vertical displacement of Driver's Seat Zs
2 Vertical displacement of Cab Ze
3 Pitch of Cab 0c
4 Vertical displacement of Engine Ze
5 Vertical displacement. of Tractor Frame Z
6 Pitch of Tractor Frame 0.
7 Beaming of Tractor Frame qe
3 Vertical displacement of Trailer Zir
9 Pitch of Trailer Our
10 Beaming of Trailer qeir
11 Vertical displacement of Axle #1 Z1
12 Vertical displacement of Axle #2 Z
13 Vertical displacement of Axle #3 Z3
14 Vertical displacement of Axle #4 Z4
15 Vertical displacement of Axle #5 Z5
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A schematic of the model can be found in Figure 3.1. All the displacements are measured from
the static equilibrium. Data for the baseline model were obtained from a prototype class 8
model supplied by a major truck manufacturer. A detailed description of the geometric
parameters, inertial properties and suspension parameters can be found in appendix A. Road

inputs were assumed to be identical on the left and right sides of the vehicle.

Note: 1% mode of beaming was added to both frames

Trailer Frame

L RN
17

tr

Figure 3.1: Side View Schematic of the 15 D.O.F. Tractor Semi-Trailer

All suspension elements in the model were represented by combinations of linear springs
(except seat springs) and damping elements to approximate suspensions on an actual truck.
The seat spring element is modeled with bump-stops. The seat spring behaves linearly in the
normal operation regime of £ 7.5 cm from equilibrium. There is a smooth transition between
the linear regime and the bump-stops. The cab was modeled with front and rear suspensions
that permit both relative pitch and heave of the cab with respect to the tractor chassis. To
simulate the effect of a rear suspended cab, the front cab suspension was made very stiff. Cab

suspension parameters were tuned based on the resonance frequency of cab found in literature
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[6, 14, 41]. The engine was modeled as a lumped mass suspended from the tractor frame. The
stiffness and damping of the modeled engine suspension was the summation of the stiffness
and damping coefficients of all the engine mounts. The fifth wheel joint was modeled as a
parallel spring and damper system. To approximate a conventional fifth wheel joint the values

of the fifth wheel suspension stiffness and damping were set very high.

The tractor and trailer frames consist of two parallel frame rails connected to each other with
cross members. The tractor and trailer frames were modeled as Euler-Bernoulli beams. The
first bending or “beaming mode” normally occurs between 6-9Hz [6, 7]. Only the first bending
mode was considered for this research since it is normally the most important mode. Bending

of the tractor frame affects both the longitudinal and vertical acceleration at the driver’s seat.

The equation of motion for a uniform Euler-Bernoulli beam is,

4 2
5 UL (VR (3.1)
ox ot

where E is the modulus of elasticity, I is the area moment of inertia of the beam about the
transverse axis, 7(x,z) is the vertical displacement of the beam at some distance x along the
beam at time #, p is the density of the material used for constructing beam, and .4 is the cross-
sectional area of the beam [48]. For free vibration, f{x,#) = 0, and so the equation of motion

becomes

4 2
prde9 ;49 g(f’ Y. (3.2)
t
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The solution is found using separation of variables as,

17,59 = X(x)4() (3-3)

Equation (3.3) simplifies to two equations, describing deflection in x and with time 7 as,

di;i EX) X () =0 (3.4)
and,

90

—Lr- 0’ =0, (3.5)
where

The natural frequency of beaming is denoted by w. The temporal equation (3.5) was merged

with the other equations of motion of the system using the assumed modes method [49].

The spatial solution of equation (3.4) can be expressed as

X(x)=C,cos fx+C,sin fx+C, cosh fx+C, sinh Bx. (3.7)

The constants Ci, Cy, Cs, Cy, are obtained by imposing the boundary conditions at the two
ends. Since the two frames are pinned at the fifth wheel, a pinned (simply supported) boundary

condition is applied at that point. The other ends of the frames are free to flex. Therefore, the
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tractor frame is modeled as a free-pinned beam and the trailer frame is modeled as pinned-

free beam. A pinned end causes zero deflection and zero bending moment at that end.

0°X

=

Deflection = X =0, Bending Moment = EI

0. (3.8)

X

A free end leads to zero bending moment and zero shear force at that end expressed as,

2 3
0 }5 =0, Shear Force :Ela }f

X Ox

Bending moment = EI =0. (3.9)

Imposing the boundary conditions on equation (3.8) yields the mode shapes for the tractor

frame (free-pinned) and trailer frame (pinned-free):

cos [/ + cosh B/
sin B/ +sinh [/

Xf(x)zcosﬂx+coshﬂx—( jsinﬁx+sin/9ﬂx, (3.10)

Xt,,,(x)zsmﬁx{ S_mﬁ//jsinhﬂx, (3.11)

sinh

where for the first mode of beaming Sl = 3.926602.

Detailed derivations of the equations of motion for the entire model can be found in appendix

B.

3.2 Road Profile Generation

A simulated random road was generated to perform ride comfort frequency domain analysis.

The road profile can be characterized by its temporal power spectral density function [20],
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where S(w) is the road PSD in m*/(rad/s), 17 is the speed of the vehicle in m/s, w is the
temporal frequency in rad/s, and C,and N are constants. The PSDs of a few common road

profiles as described by Wong [20] are given in Table 3.2

Table 3.2: Road Profiles, Wong [50]

Road Type Csp (SI units) N
Smooth Runway 4.3x10™ 3.8
Rough Runway 8.1x10° 2.1
Smooth Highway 4.8x107 2.1
Highway with Gravel 4.4x10° 2.1

For this thesis, two primary road profiles were created corresponding to the PSDs of the
smooth highway and highway with gravel. These two road profiles were chosen to represent

the extreme conditions observed during long hauls typical for trucks.

To create the road profiles, an unpublished Matlab program, created by Marc Paradiso and
David Moline, was modified. The road amplitude properties were set by multiplying each

frequency by an amplitude, A, and raising each frequency fto a power, O,

a=A-f°. (3.13)

The value of A corresponds to the resulting value of C, and the value of Q corresponds to

the resulting value of N for the PSD of the created roadway. In creating the roadway,
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sinusoidal waves were created with the sine wave generator in Simulink. The output of the

wave generator is

2(t)= g

df sin (27 £.t4+ D), (3.14)

where @ is a random variable of same length as the £, drawn from a normal distribution with

zero mean and unit standard deviation.

The simulation created a vector of sine waves corresponding to the length of the frequency
vector. At each time-step the current values of the sine waves in the vector were added

together yielding the random road profile.

Values of 4 and Q were iteratively altered till the PSD of the simulated road matched the PSD
of smooth highway within the frequency region of 0.25 — 50 Hz. The values of .4 and Q for

the two road profiles used in this thesis are given in Table 3.3

Table 3.3: Values of A and Q for different road profiles

Road Type A Q
Smooth Highwa 60
ghway @ 0.013282 -0.045
mph
Gravel Road @ 40 mph 0.0402018 -0.045
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Figure 3.2: PSD of Generated Road Profiles

The PSDs of the two road profiles are shown in Figure 3.2.

3.3 Performance Metrics

The road profiles described in the previous section were used as input to the system. The time
duration of the simulation run was 120 seconds. This duration allows sufficient road input
power to be developed at low frequencies. The speed of the truck was maintained at 60 mph

to simulate typical highway speeds.

Frequency response analysis allows results to be easily compared to ride quality standards set
forth by the International Standard Organization, ISO 2631. The ISO 2631 standard is still
regarded as a leading standard for quantifying ride quality. The ride comfort boundaries are
defined for root mean square (RMS) vertical and longitudinal accelerations measured at the

driver’s seat over the frequency range from 0.1 to 50 Hz. In ISO 2631:1974 [2], the boundaries
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in Figure 3.3 represent the amount of time the driver can sustain that particular acceleration
before becoming uncomfortable. As one would expect, lower acceleration magnitudes can be

tolerated as the driver operates the vehicle for longer periods of time.
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Figure 3.3: Vertical (top) and Longitudinal (bottom) ISO Comfort Boundaries
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The Matlab function pwelch was used to obtain the frequency domain response from the time
history results. ISO 2631 defines the low and high frequency corresponding to the center

frequency of each 1/3 octave band as,

a)low = 089 x a)center
. 3.15
a)high = 1'12 X a)centcr ( )

The center frequencies are defined by ISO 2631. Based on ISO 2631 [2,3] the RMS of the
vertical and the longitudinal acceleration at the driver’s seat are calculated from the respective
acceleration PSDs (§(w)) at the driver’s seat for various center frequencies using the following

formula,

(@)= f S (@)de>. (3.16)

Doy

drms,scat

The 1997 amended ISO 2631 dropped the dependency of the comfort criteria on time. ISO
2631:1997 [3] defines the calculation of a single weighted RMS acceleration number for
measurement of ride comfort. In this thesis, the time dependent comfort boundaries are
retained since they provide a good reference point. Plotting the RMS of the accelerations at
the driver’s seat against frequency of vibration helps in identifying the modes which are close
to or above the time comfort boundaries. The vibration problem is then reduced to finding

methods for better isolation at the driver’s seat for the problem modes.

The single valued weighted RMS acceleration is calculated as,

s =| DV @) (@) ] 3.17)
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where W(w) is the weighting factor specified in ISO 2631:1997 [3] at each center frequency

wCCﬂtCI"

The total weighted RMS acceleration due to vertical acceleration (z) and fore-aft acceleration

(x) is defined as,

2 2
ﬂt = \/ﬂrms,wcightcd (X) + arms,weighted (Z) (318)

Once the total weighted RMS acceleration at the driver seat has been calculated, it can be

compared to the comfort levels specified in ISO 2631-1:1997

Table 3.4: ISO 2631 Weighted RMS Acceleration Comfort Levels

Overall Weighted Acceleration
ISO 2631 Comfort Level
m/s2 G
<0.315 0.032 Not Uncomfortable
0.315-10.63 0.032 — 0.064 A Little Uncomfortable
0.5-1 0.051 —0.102 Fairly Uncomfortable
0.8-1.6 0.082 — 0.163 Uncomfortable
1.25-2.5 0.125 - 0.255 Very Uncomfortable
2.5> 0.254> Extremely Uncomfortable

3.4 Model validation with TruckSim

Ride data were not available for the prototype model. To validate the model, the simulation
tool developed was validated against the commercially available truck dynamics simulator,

TruckSim. TruckSim models the tractor and the trailer sprung masses as lumped rigid bodies
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with 6 d.o.f. for each. TruckSim represents each axle suspension with 2 d.o.f. and each wheel
with 1 spin d.o.f. TruckSim available for this work did not have the following d.o.f.: cab pitch
and heave, seat heave, tractor and trailer frame bending, and engine heave. The developed 15
d.o.f. model has greater vertical ride dynamics fidelity compared to the TruckSim model due
to the presence of tunable cab and seat suspensions as well as flexible tractor and trailer frames.
To validate the model both the static axle loads and the dynamic response of the truck
traversing a small bump were compared with those of the TruckSim simulation. The validation
process was carried out by defining the same parameter values across the two models, and
linearizing the TruckSim suspensions. Since TruckSim models the tractor sprung mass as a
rigid lumped mass, the relative motion between the frame and the cab, and the cab and seat
in the Matlab/Simulink model must be minimized. This was achieved by increasing the cab
and seat stiffness in the Matlab/Simulink model by 5 orders of magnitude. Increasing the
natural frequencies of the tractor and trailer frame beaming mode of the Matlab model to
beyond 100 Hz effectively made the frames behave as rigid bodies in the frequencies of interest
(<25 Hz). The detailed list of modifications to the Matlab model and the parameters specified

in the TruckSim model can be found in appendix G.

3.4. 1 Static Axle Loads

The first step of the validation process was to compare the static axle loads between the Matlab
and TruckSim models. The static axle loads for TruckSim were the observed steady state axle

vertical loads for a constant velocity run.
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With no axle suspensions, the static vertical equilibrium equations for the tractor are
indeterminate. However, there are suspensions and if each axle is independent of the others,
the system is determinate. There is also kinematic coupling of the tandem axles in TruckSim.
These effects are included by means of two configurable parameters in TruckSim — Static load
for rear axle of the tandem (tractor and trailer main screen in appendix G) that affects the
static axle loads. These two parameters determine the amount of static load allocated to the
rear axles of the tandem combinations. For example, a value of 0.25 was prescribed for the
configurable parameter for the tractor drive axles. This ensured that the rear drive axle static
load was 25% of the total drive axle static load. These two parameters in TruckSim were

manually varied till the static axle loads for the Matlab and TruckSim models matched.

Table 3.5: TruckSim vs Matlab axle loads

Location TruckSim (N) Matlab (N) % Difference
Ist Axle 57749 58167.7 -0.7%

Drive Axle 1 68732 68520.2 0.3%

Drive Axle 2 60864 60586.0 0.4%

Trailer Axle 1 81321 81188.6 0.1%

Trailer Axle 2 65296 65584.7 -0.4%

Fifth Wheel 90527 90442.3 0.09%

A Matlab script was developed to determine the static axle loads and the static deflections.

The frame deflection is neglected for static axle load calculations. Details of the equations used

to determine the axle load can be found in appendix G.
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Table 3.5 compares the static axle loads from the two models. The largest difference observed
between the two models was less 1%. The differences in axle loads between the two models

were insignificant.

3.4.2 Time Histories Traversing a Bump

To compare the dynamics of the two models the truck was simulated traversing a small bump
at 60 mph. A half sine wave bump of height 1 cm and length 50 cm was chosen to allow
smooth load variation. At a speed of 60 mph (26.8 m/s), the temporal frequency of the bump
is 26.8 Hz. The input frequency of the bump is therefore much greater the any of the natural
frequencies associated with the truck model. For comparison, the wheel hop frequencies are
in the range of 8-12 Hz. Due to the short distance between the dual axles (~1.3 m) a wheelbase
pitching effect might be observed when traversing a road bump of wavelength twice the axle
wheelbase. When traversing such a road bump the two axles of the tandem axle travel 180
degrees out of phase leading to a wheelbase pitching effect. For a wheelbase of 1.3m at 60

mph the frequency associated with this mode is 20 Hz.

Figure 3.4 shows a comparison of the sprung mass dynamics. The convention used by
TruckSim is upward vertical motion and nose down (counter-clockwise) pitch motion are
positive. The outputs of the Matlab simulation were accordingly modified. The first plot is the
road elevation as seen by the different axles. It was observed that there was almost perfect

match between the sprung mass response of the TruckSim and Matlab models.
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Figure 3.5 shows a comparison of the axle deflections. Positive axle deflection is under
compression. It was again observed that there was almost perfect match between the axle

deflections of the two models.

Since the static axle loads and dynamic response of the two models are very similar, one can

conclude that the reduced order Matlab model matches the TruckSim model.
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Figure 3.4: Comparison of the Sprung Mass Dynamic Response
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Figure 3.5: Comparison of the Axle Dynamic Response
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CHAPTER 4

CAB MOUNT AND FRAME FLEXIBILITY DESIGN STUDY

4.1 Baseline Results

The data for the baseline model was provided by a truck manufacturer. All suspensions were
modeled as linear components except the seat spring. The standard configuration of the
tractor in the USA has the cab mounted on a ladder frame. In the standard configuration, the
front of the cab is hinged to the frame and the rear of the cab is suspended using steel springs
or air springs. The natural frequency of the cab with rear air springs, a common configuration
in the USA, lies in the range 1-1.4 Hz [23]. The natural frequency of the cab with steel springs
lies in the range 1.8-3 Hz [6]. The stiffness values of the cab springs were tuned to achieve a
cab mode frequency of 1.8 Hz since no force vs. deflection data were found for the cab
springs. Nominally at the fifth wheel the tractor frame is effectively pinned to the trailer frame.
The fifth wheel was modeled as a stiff suspension between the tractor frame and the trailer
frame which provides more latitude for examining different configurations. Data for the
dimensions of the truck and the values of various parameters are listed in appendix A. The

natural frequencies and damping ratios of the 15 d.o.f. baseline model are listed in Table 4.1.
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Table 4.1: Natural Frequencies and Damping Ratios, Baseline Configuration

Mode Frequency Damping Mode Description
# (Hz) Ratio (Most excited d.o.f.)
1 146.95 0.015 Out of phase heave motion of the frames
2 54.06 0.008 Cab Pitch about rear mount
3 13.74 0.073 Engine Heave
11.92 0.677 First trailer axle suspension
5 11.51 0.582 Second trailer axle suspension
6 9.54 0.371 Third tractor axle suspension
7 8.96 0.271 Second tractor axle suspension
8 8.7 0.19 First tractor axle suspension
9 8.14 0.008 Trailer Frame Beaming
10 | 6.9 0.054 Tractor Frame Beaming
11 1.84 0.976 Cab pitch about front hinge
121 0.77 0.7 Seat heave
1.36 0.078 Tractor Sprung mass pitch about fifth
13 .
wheel (Engine heave)
1.98 0.193 Counter pitch motion of tractor and trailer
14
frames (Tractor frame heave)
1.77 0.078 Trailer sprung mass pitch about fifth wheel
15 .
(Trailer frame heave)

A modal study was carried out using corresponding eigenvectors and animating the time
simulation results. As discussed previously, the assumed modes method was used to
approximate the tractor and trailer frame bending. The assumed mode shapes are the

fundamental bending modes of an Euler-Bernoulli beam having the following boundary
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conditions. The beaming mode shapes for free-pinned (tractor) and pinned-free (trailer) end
conditions are shown in Figure 4.1. The first two high frequency modes observed in Table 4.
are due to the stiff suspensions at the fifth wheel and at the front of the cab. An engine heave
mode was observed around 13.68 Hz. Modes 4 through 8 are the wheel hop modes for the
different axles. The wheel hop modes of the trailer axles are more damped than the tractor

axles. The trailer frame beaming (mode #9) and the tractor frame beaming mode (#10) are

both lightly damped.
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Figure 4.1: Beaming Mode Shapes of Tractor and Trailer Frames

Mode #11 is the mode associated with the tractor cab pitching about its hinge at the front cab
mount. This mode is almost critically damped. Mode #12 is the seat heave mode. Modes #13

and #14 are of the greatest interest because they are both lightly damped modes and the seat
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and cab d.o.f are significantly excited. Mode #13 can be termed as a tractor pitch mode. In
this mode the entire tractor sprung mass pitches about the fifth wheel. As shown in Figure
4.2, the trailer frame and axles are not excited in this mode. Tractor frame heave, first (steer)

axle heave and cab heave are also significantly excited in this mode.
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Figure 4.2: Mode #13 at 1.36 Hz

Mode #14 can be described as a counter pitch mode. In this mode, the tractor frame heave
and pitch, drive axle heave, cab heave and pitch, seat, and trailer frame heave are the d.o.f. that
are significantly excited. It was observed that the tractor and trailer pitch are out-of-phase in

this mode. The counter pitching motion of the frames can be clearly seen in Figure 4.3
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Mode #15 describes the trailer pitch mode. The trailer sprung mass pitches about the fifth

wheel in this mode. The trailer axles and pitch motion about the c.g. of the trailer frame are

the most excited d.o.f. in this mode. The tractor frame, the cab heave and pitch, and the seat

heave are also significantly excited (13-20% of trailer c.g. heave) in this mode.
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Figure 4.4: Mode #15 at 1.77 Hz
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The RMS acceleration at the seat when the tractor semi-trailer was simulated traversing a

smooth highway is shown in Figure 4.5. The four lightly damped modes can be clearly

observed.
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Figure 4.5: Seat RMS Acceleration on Smooth Highway @ 60mph, Baseline Truck
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The 2.5 hour and 8 hour comfort boundaries as specified by ISO 2631:1974 for vertical and
longitudinal acceleration are superimposed on the RMS acceleration plots. On a smooth
highway, the baseline configuration seat acceleration exceeds the vertical 8 hour comfort
boundary in the frequency band of 1-2 Hz. Longitudinal seat acceleration exceeds the 8 hour
comfort boundary between the frequency bands 1-3 Hz and 6-9 Hz. The lightly damped
beaming and tractor pitch modes are the main causes of these vibrations. The seat was
constrained with respect to the cab floor longitudinally. Since the seat was located at a
significant height above the cab center of gravity, the pitch motion of the cab contributes to

longitudinal motion at the driver’s seat.
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Figure 4.6: Seat RMS Acceleration for Different Roads

Figure 4.6 shows the RMS seat accelerations while traversing a smooth highway at 60 mph

and a gravel road at 40 mph.

Based on the simulation on the gravel road at 40 mph, the RMS vertical and longitudinal

accelerations at the seat exceed the 8 hour comfort boundary in the frequency band of 0.6-
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12.5 Hz. The 2.5 hour comfort boundary was also exceeded in the frequency bands 0.9-3 Hz

and 6-10 Hz.
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Figure 4.7: Seat and Rear Cab Suspension Deflections on Smooth Highway and Gravel Road

The strokes of the cab rear suspension and the seat suspension are shown in Figure 4.7. The
red dashed lines represent the bump-stops on the seat suspension. While traversing a gravel

road the seat suspension touches the bump-stops on 8 occasions in 30 seconds. A prime
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objective of any damper development should be to minimize striking the bump stops. The

weighted RMS acceleration and maximum seat suspension strokes are tabulated in Table 4.2.

Table 4.2: Ride Characteristics for Baseline Configuration

Measure Smooth Gravel Road | units
Highway

Weighted Vertical RMS Acceleration 0.031 0.074 G

Weighted Longitudinal RMS Acceleration 0.042 0.099 G

Weighted Total RMS Acceleration 0.052 0.12 G

Maximum Seat Suspension Stroke 3.5 7.9 cm

On a smooth highway at 60 mph the ride at the driver’s seat is “fairly uncomfortable” as per

ISO 2631:1997. On a gravel road at 40 mph the ride is “uncomfortable”.

4.2 Effect of Tractor Frame Beaming Frequencies

The flexibility of the frame structure affects the transmitted vibration to the driver’s seat which
can lead to ride discomfort [17]. The fundamental frequency of bending vibration is in the
range of 6-9 Hz [14,17]. This frequency range overlaps with the 4-8 Hz frequency band in
vertical acceleration where drivers are most sensitive to ride discomfort. One of the ways to
decrease vibrational input into the cab is to increase the fundamental frequency of the lightly

damped bending mode beyond the 4-8Hz band.

A typical tractor frame is shown in Figure 4.8. The tractor and the trailer chassis frames are
composed of two parallel C-channel beams interconnected by cross members to form a ladder
like structure when viewed from the top. Various components like the battery, the fuel tank,
the fifth wheel assembly, the axle suspensions, etc. are bolted on to the frame. The locations

of these components vary depending on the specific truck.
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Figure 4.8: Representative Tractor Frame, Freightliner Trucks [51]

The tractor and trailer frames were modeled as Euler-Bernoulli beams. A typical cross-section

of tractor frame is shown in Figure 4.9.
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Figure 4.9: Typical Cross-section of Tractor Frame with Cross member
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The fundamental beaming frequency of vibration for a beam is given by:

“4.1)

where

e 0, is the density of the material, kg/m’,

e [ the modulus of elasticity, Pa,

e ] the cross-section area moment of inertia of the c-channels about the x-axis, m*,

e 4, the cross-section area of the c-channels, m?,

e /, the length of the beam, m,

®  Leomp> the mass per unit length due additional components and cross-structures,
kg/m, and

e (b)), is a constant determined from the boundary conditions

The first two parameters, p and E, are material properties and the next three are determined
by the geometry of the beam. The choice of components bolted onto the frame determines

the sixth parameter, Zomp.

Once the material for frame is chosen, the length of the frame is determined according to the
function of the truck. The parameters that can be designed are the area moments of inertia
and cross-sectional areas of the c-channels. The fundamental frequency of vibration is

therefore,
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a)bcam oC S — N (42)
PA+ U
We can see from equation (4.2) that the beaming frequency is a square root function of the
area moment of inertia of the c-channels. Mass added to the frame farthest from the x-axis
has the greatest influence on the moment of inertia. A study was carried out to find the effect
on tractor frame beaming frequency of rigidly mounting steel plates along the top and the

bottom of the flanges of the C-channel. The plates are of thickness, %44, and are of the same

width as the flange of the C-channels.. This configuration is illustrated in Figure 4.10.

tadd $

N\
<«h >$t

Cross Beam
X Neutral Axis X

hl == = — = - o — — f—

Figure 4.10: Chassis Frame Cross-section with Plates Mounted for additional Bending

Stiffness.

Since the beaming frequency is a function of the area moment of inertia and the cross-sectional

area, the beaming frequency of the frame with the added plates can be calculated as
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0.5

(I X-x,n0m +1 x-x,plates ) P Anom + K comp. , (43)

w, =w
p Anom + /‘Lcomp. + Aplates ) IX*X,ﬂom

n nom (

where ILixnom 18 the total area moment of inertia of the nominal C-channels about the x-axis
and Anom 1s the total cross-section area of the nominal C-channels, Lcpiaes 1S the additional
moment of inertia due to the plates and Ay 1s the additional cross-section area due the plates,
and @nom 1s fundamental bending mode frequency of the frame with nominal C-channels. The
dimensions of the nominal C-channels are » = 300 mm, 4 = 75 mm, and # = 7 mm. The
American Standard C-channel C12x20 most closely approximates these dimensions. Note that
the flange thickness of a standard C-channel is greater than its web thickness. Typical C-
channels used for truck frames have a uniform thickness across the web and the flanges.

Sample calculations for calculating the beaming natural frequencies can be found in Appendix

C.

Adding plates to the C-channel has the effect of increasing the area moment of inertia of the
structure but it also adds to the mass of the system. The beaming frequency of the tractor

frame with the nominal C-channel is ~ 7 Hz.
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Figure 4.11: Plate Thickness vs. Frame Beaming Frequency

The lower x-axis of Figure 4.11 displays thickness of the plates and the upper x-axis shows the
additional mass due to the plates. To increase the beaming natural frequency of the frame by
50% (~10.5 Hz), plates with an additional mass of ~625 kg must be added to the tractor frame.
The total mass of the nominal frame is 3783 kg. The mass of the plates represents an additional

16% mass. Any addition of dry mass adversely affects the fuel economy of truck.

Another case study was carried out where the C-channels of the nominal tractor frame were
replaced by a few American standard C-channels whose dimensions are close to those of the
nominal C-channels. Specifically the C10, the C12 and the C15 standard C-channels were
considered for this study. Figure 4.12 plots the beaming frequency of the tractor frame versus
the mass per unit length of the C-channel for various standard C-channels. Table C.1 in

appendix C provides the data used to calculate the beaming frequency.
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Figure 4.12: Tractor Frame Beaming Frequencies vs Mass per unit length of C-Channels for

standard C-channel

The frame beaming frequency (~ 8 Hz) and the corresponding mass per unit length (~ 60
kg/m) of the 2 C-channels when C12x20.7 (12 inch web depth, 20.7 1b/ft mass density) C-
channels are shown in Figure 4.12. To increase the frame beaming frequency by 50%, C15 C-
channels need to be used. The lightest of the C15 C-channels (C15x33.9) has a mass per unit
length of ~100 kg/m. Over a span of 7.87 m this cortesponds to an increase of 315 kg. This

represents an increase in the dry mass of the tractor frame by about 8.3%.

Figure 4.13 shows the effect of increasing the beaming frequency on ride comfort. Changes
in tractor frame beaming frequency did not affect the low frequency (<4 Hz) and high
frequency (>10 Hz) responses. However, the RMS acceleration at the driver seat in mid-range
frequency (4-8 Hz) changes significantly. Note that wheel hop modes are typically in the 8-12

Hz range.
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Figure 4.13: Effect of Frame Beaming Frequency on Seat RMS Acceleration.

Figure 4.14 shows the effect of increasing the beaming frequency on the weighted RMS
acceleration. Increasing the frame beaming frequency by adding plates on top of the flanges

of the channels improves ride comfort by 15% but increases the mass by 16%.

52



0.06 . . .
I 7
[ 1875 H Fairly

0'05 l_ - 10'5 HZ ------------------- i 5§ " EE®= 'u;,l'c(')r'n%._
0.04 ] .
e e ... L. B . Little
0.03F — uncomf ]
0.02 .
0.01 .
0

Vert. Long. Total

Weighted RMS Seat Acceleration, G

Figure 4.14: Effect of Beaming Frequency on Weighted RMS Acceleration

There will obviously be a trade-off of between the improved ride comfort and the decreased
fuel economy due to the added mass. This trade-off will have to be evaluated by the truck

manufacturers and operators.

4.3 Full Cab Suspension

Nominal configurations of tractor semi-trailers in the USA have the front of the cab hinged
and the rear suspended. In Europe, fully suspended cabs are more common. A study was
conducted to explore the benefits of a fully suspended cab over a rear suspended cab. As a

starting point, the rear cab suspension parameters were replicated at the front of the cab.
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To find the optimum damping at the front and rear cab suspensions, the damping coefficients
of the front and rear cab suspensions were varied. The total weighted RMS acceleration at the
driver seat was used as the performance metric. Simulations were carried out on both a smooth
highway at 60 mph and a gravel road at 40 mph. Figures 4.15 and 4.16 show the normalized
total weighted RMS acceleration at the seat for smooth highway and highway with gravel road

profiles when the cab damping coefficients are varied.

Normalized Wgt. RMS Total

O =

3 3 Front Cab Damping, N.s/1
Rear Cab Damping, N.s/m

Figure 4.15: Variation of Total Weighted Normalized RMS Acceleration with Cab Damping

over Smooth Highway @ 60 mph
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Figure 4.16: Variation of Total Weighted Normalized RMS Acceleration with Cab Damping

over Gravel Road @ 40 mph

The optimum damping coefficients were found to be 13500 N.s/m for the front cab
suspension and 10800 N.s/m for the rear cab suspension. These values of damping coefficient
gave the smallest weighted RMS acceleration at the driver’s seat when traversing a gravel road.
Smaller cab suspension damping coefficients lead to excessive cab motion which caused the
seat suspension to hit the bump-stops. The ride comfort of the baseline configuration over a
smooth highway was compared with that of the fully suspended cab having the same
suspension at both ends, and with the fully suspended cab with optimized damping parameters

in Figure 4.17.
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Figure 4.17: Ride Comfort for Different Passive Cab Suspension Configurations,

Smooth Highway, 60mph

The fully suspended cab provided better isolation at higher frequencies. A fully suspended cab
was better able to decouple the cab from the tractor frame. The tractor pitch mode (~1.3 Hz)

was a lightly damped mode where the tractor frame pitches about the fifth wheel. The
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additional damping provided by the front cab suspension increased the damping of the tractor

pitch mode.
0.06 T T T
B R Suspended Cab
I -l Cab Fairly
0.05 | I Full Cab Opt pey——

0.04
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Weighted RMS Seat Acceleration, G
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Figure 4.18: Weighted RMS Acceleration for Different Passive Cab Suspension

Configurations, Smooth Highway, 60 mph

The weighted RMS acceleration values of the three cab configurations are compared in Figure
4.18. Compared to the baseline configuration the fully suspended cab exhibits an 18%
reduction in the total weighted RMS acceleration at the seat and up to a 26% reduction in the

longitudinal weighted RMS acceleration.
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4.4 Effect of Cab Mount Location

The bending of the tractor frame introduces ride vibration near its resonance frequencies. The
most significant bending mode is normally the first mode as it occurs at the lowest frequency
and causes the largest displacement. An effective method to prevent this vibration being
transmitted to the cab is to locate the cab mounts near the nodal points of the first bending
mode. As observed earlier, the beaming mode of the tractor frame has two nodes: one located
at the fifth wheel and the other located near the steer axle. Current practice in the industry is
to locate the front (hinge) of the cab near the front node. The rear cab suspension is located
midway between the two nodes. This presents great challenges in designing the rear
suspension. Human beings are most sensitive to longitudinal vibration below 2 Hz. Thus the
cab pitch frequency should ideally be designed to be higher than 2 Hz. On the other hand, a
lower cab frequency improves vibration isolation. Therefore, choosing the rear cab suspension
is always a compromise. It was hypothesized that locating the cab mounts as close to the nodes

of the beaming mode as possible would reduce seat vibration.

A study was undertaken to evaluate the effect of cab mount location on ride comfort. Truck
ride was simulated over a smooth highway at 60 mph. Both a rear suspended cab design and
a fully suspended cab design were evaluated. The total weighted RMS seat acceleration was

used to evaluate the effectiveness of varying the mount positions.

4.4.1 Rear suspended cab

To find the optimum location for the cab mounts for a rear suspended cab, the mount

locations were varied iteratively. Changing the distance between the cab mounts affects the
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natural frequency of the cab mode. To counter this effect the cab suspension stiffness and
damping were modified so that the cab rigid body mode frequency was close to the baseline
cab mode frequency of 1.8 Hz. This was achieved by calculating the rear suspension stiffness

and damping using the following formulae,

(g+r) k. =(G+7) 4, (4.4)
(g+7) e =(4+7) ¢, (4.5)

where ¢ and r are the modified distances of the cab mounts from the cab CG, 4. and «. are

the spring stiffness and damping coefficient to be calculated for the modified cab, ¢ and 7

are the distances of the cab mounts from the cab CG in the baseline model, and £, and ¢,

are rear suspension parameters for the baseline model.

Figure 4.19 shows the total weighted RMS seat acceleration normalized to the minimum
calculated. The cab mount positions are displayed as distances from the tractor frame CG.
The location of the cab mounts that minimized total weighted RMS seat acceleration are

shown in Figure 4.20.

It was observed that the optimum cab mount locations are close to the beaming mode nodal
points. Also, the optimum locations are on the ‘inside’ of the frame nodal points. This ensures

that the forces through the mounts due to bending are in phase.
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Figure 4.19: Variation of Total Weighted RMS Acceleration with Cab Mount Location.
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Figure 4.20: Baseline and Optimal Cab Mount Location for Rear Suspended Cab.

60



0.06 T T T
- Rear Sus. Nominal Pos.
- Rear Sus. Optimal Pos.

Fairly undomf.

0.05F E

0.04

Weighted RMS Seat Acceleration, G

Vert. Long. Total

Figure 4.21: Total Weighted RMS Seat Acceleration Comparison of Baseline vs. Optimal Cab

Mount Positions, Rear Suspended Cab.

In Figure 4.21 we observe that by locating the cab mounts close to the nodal points of
beaming, the weighted RMS longitudinal seat acceleration was reduced by 39% and the total

weighted RMS acceleration at the seat was reduced by 24%.
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Figure 4.22: RMS Seat Acceleration Comparison of Baseline vs. Optimal Cab Mount

Positions, Rear Suspended Cab

A comparison of ride comfort at the seat for the baseline configuration and the optimal cab

mount positions is shown in Figure 4.22. The frame bending translates to cab pitch motion.

Due to the height of the driver’s seat above the frame, cab pitch motion translates to
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longitudinal motion at the driver’s seat. Longitudinal ride comfort near 7 Hz was significantly

improved by locating the cab suspensions optimally near the nodes.
4.4.2 Fully suspended cab

A similar process was adopted to find the optimum suspension locations for the fully
suspended cab. The mount locations were varied iteratively. A fully suspended cab has two
rigid body modes associated with it. To ensure the rigid body mode frequencies were close to
the baseline frequencies as the mount positions were varied, the following equations were

solved simultaneously to determine the cab suspension stiffness values.

ko+k =k +k (4.6)

Gk +rik, =0k, + Pk (4.7)

g and rare the modified distances of the cab mounts from the cab CG, £ and £.. are the cab

spring stiffness values to be calculated, ¢ and 7 are the distances of the cab mounts from the

cab CG in the baseline model, and /écf and /écr are cab spring rates of the baseline full cab

mode. The cab suspension damping coefficients were similarly calculated. Solutions to

equations (4.5) and (4.6) which yield negative stiffness values were ignored.
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Figure 4.23: Variation of Total Weighted RMS Acceleration with Cab Mount Locations, Fully

Suspended Cab

Figure 4.23 shows the total weighted RMS seat acceleration normalized to the minimum
calculated for the fully suspended cab. The cab mount positions are displayed as distances
from the tractor frame CG. The location of the cab mounts for a fully suspended cab that

minimized total weighted RMS seat acceleration are shown in Figure 4.24.
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Figure 4.24: Baseline and Optimal Cab Mount Location, Fully Suspended Cab.

As was the case with rear cab suspension, the optimum cab mount locations are “inside” and

close to the bending nodes.
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Figure 4.25: Total Weighted RMS Seat Acceleration of Fully Suspended Cab over Smooth

Highway at 60 mph (96.56 kph), Nominal vs Optimal Mount Positions.
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Figure 4.26: RMS Seat Acceleration Comparison of Fully Suspended Cab, Nominal vs

Optimal Cab Mount locations

The RMS accelerations at the seat of the nominal full cab configuration and the full cab
configuration with the optimal mount locations are shown in Figure 4.26. The optimal mount

locations were quite effective in reducing the cab pitch vibrations higher than 3 Hz. By locating
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the cab mounts close to the nodal points of beaming, the weighted RMS longitudinal seat
acceleration was reduced by 32% and the total weighted RMS acceleration was reduced by
17% (Figure 4.25). By locating the cab mounts of the fully suspended cab at their optimal
location (near the beaming nodal points) the weighted RMS longitudinal seat acceleration was
reduced by 48% and the total weighted RMS acceleration by 31% when compared to the

baseline model (rear suspended cab).
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4.5. Summary

Table 4.3: Driver's Seat Ride Comfort from all the Design Studies

Controller/Configuration Weighted total % Ride ISO 2631:1997
RMS Improvement Ride
acceleration, G Classification

Smooth Highway at 60 mph

Baseline (Rear Suspended 0.052 Fairly

Cab, Tractor Frame 7Hz) Uncomfortable

Tractor Frame 10.5 Hz 0.045 14% A Little

Uncomfortable

Rear Suspended Cab, Optimal | 0.04 24% A Little

Cab Mount Positons Uncomfortable

Fully Suspended Cab 0.043 18% A Little

Uncomfortable

Fully Suspended Cab, Optimal | 0.036 31% A Little

Cab Mount Positions Uncomfortable
Gravel Road at 40 mph

Baseline (Rear Suspended 0.12 Uncomfortable

Cab, Tractor Frame 7Hz)

Tractor Frame 10.5 Hz 0.11 8.3% Uncomfortable

Rear Suspended Cab, Optimal | 0.095 21% Fairly

Cab Mount Positons Uncomfortable

Fully Suspended Cab 0.1 17% Uncomfortable

Fully Suspended Cab, Optimal | 0.087 28% Fairly

Cab Mount Positions Uncomfortable

From Table 4.3 we can observe that none of the configurations makes the ride “comfortable”
on smooth highway at 60 mph. A fully suspended cab with the cab mount located at the most

optimal location come closest to making the ride at the driver’s seat comfortable. This
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configuration reduces the total weighted RMS acceleration at the driver’s seat by 31%
compared to the baseline configuration. On a smooth highway the ride is “a little
uncomfortable”. Adding suspensions at the front cab mount to the baseline configuration, the
total weighted RMS acceleration at the seat can be reduced by 18% compared to the baseline
configuration on a smooth highway. Though a full cab suspension significantly improves the
ride at the driver’s seat, designing suspensions for the front mount of the cab is a challenging
problem. Also, retro-fitting the existing trucks in U.S.A. with fully suspended cabs will be

costly.

For a rear suspended cab with the cab mounts close to the nodal points of beaming, the
weighted RMS longitudinal seat acceleration on smooth highway at 60 mph is reduced by 39%
and the total weighted RMS acceleration at the seat is reduced by 24%. Even over gravel roads
at 40 mph the ride is improved by 21%. The optimal locations for the cab mounts are near
the nodes of the beaming mode. Locating the rear cab mount near the fifth wheel pin (a
beaming mode nodal point) is a challenging design problem due to the limited available
longitudinal design space. If properly designed, locating the cab mounts near the beaming
mode nodal points could be a fairly cheap retro-fitting exercise that leads to significantly

improved ride.

Increasing the beaming mode frequency by increasing the bending stiffness of the frame also
improved the ride at the driver’s seat. Increasing the beaming mode frequency by 50%
compared to a nominal frame improved the ride at the driver’s seat by 14% on a smooth

highway at 60 mph. However to increase the stiffness of the frame, 15% more mass needs to
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be added to the frame. The additional mass will adversely affect the fuel economy of the truck.

This might not be an acceptable trade-off for most truck operators.
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CHAPTER 5

CONTROL POLICIES FOR SEMI-ACTIVE SEAT DAMPERS

The development of the 15 d.o.f. truck model in Simulink allows for addition of non-linear
elements to the model. In view of the emergence and implementation of semi-active dampers
in commercial vehicles, a study was carried out to evaluate the application of various control
strategies for a semi-active damper at the seat. The latest development in damper technologies
like magneto-rheological (MR) dampers and variable orifice hydraulic dampers allow for
continuously variable damping rates. Therefore the dampers were modeled to be continuously

variable from a minimum to a maximum damping rate.

In this study two novel semi-active damper control policies were explored. When traversing
rough roads, the suspension travel limitations play an important role in the driver ride quality.
It is obvious that for better ride it is preferable that the suspensions do not hit the bump stops.
The two control policies developed in this work help to mitigate this occurrence on rough
roads while providing ride improvements on smooth roads when compared to passive seat
dampers. This study shows the existence of two possible optimal control force policies based
on the spatial characteristics of the seat mount excitation when seat acceleration and
suspension stroke are penalized in the performance index. A novel fuzzy logic based switch
mechanism was developed to switch between the two optimal policies. An estimator was
developed to estimate the seat load and spring stiffness to compliment the developed semi-
active damper controller. Thus the system adapts to different seat loads and seat mount

excitation.

71



A novel model predictive controller was also developed incorporating seat excitation preview
information and frequency based weighting filters on the seat acceleration. The developed
controller solves a nonlinear optimization problem online to determine the optimum damping

rate at each time step.
5.1 Optimal Policies for Seat Isolation

The seat (with the driver) can be dynamically modeled as a base excited 1 d.o.f. system as
shown in Figure 5.. The force acting on the sprung mass, #, is the control force. The isolation
problem is therefore treated in a more general context without any initial assumptions
regarding the passivity of the forcing elements. Since the road input to the truck can be
assumed to be Gaussian in nature [1], the excitation at the seat mount, g, and the sprung mass

deflection, %, are also Gaussian in the linear regime (not hitting the bump-stops).

Sprung Mass T

<s

73

U el =Xs —Ru

v

fz.-ff

Figure 5.1: A 1 d.o.f. system for developing the optimal control policies
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The 1 d.o.f. system can be modeled as:
m3+u=0 . (5.1)

Figure 5.2 shows the power spectral density (PSD) of the deflection at the base of the seat
mount when the truck model traverses a gravel road at 40 mph. The PSD of the seat mount

deflection is a function of the frequency, w and can be approximated in a power law form as

e N ° (52)

where K and N determine the amplitude at 1 rad/s and slope of the road PSD on a log

scale respectively.
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Figure 5.2: PSD of Displacement at the seat mount, Sg(w)
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The best fits of the seat mount PSDs for different two different N values are superimposed
on the actual seat mount PSDs in Figure 5.2. For N = 2, there is good fit with the seat
mount excitation in the low frequency range (<2 Hz). The PSD of the velocity of the

excitation for this approximation can be derived as
NG A
S = |l S =[G — =4 (5.3)

Therefore in the low frequency range, the seat mount excitation velocity PSD is a Gaussian

white noise.

For N = 4, there is a good fit with the seat mount excitation in the frequency range of 3 - 20

Hz. The PSD of the acceleration of the excitation for this approximation can be derived as
. 2 . 2 A4
$i =[er’| i =)’ = (5.4

Therefore one can conclude that in the frequency range of 3-20 Hz, the seat mount excitation
acceleration PSD behaves like Gaussian white noise. It will be shown in the following section

that the choice of approximation used leads to different optimal solutions.

Optimal policy 1 was developed by treating the base input velocity, g, , as Gaussian white noise

disturbance to the system for the low frequency range (< 3 Hz). The state equations can be
written as,
Xy :z‘s_%u :%'r =Xy
" ) (5.5)

Xog =% =
m
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where the state vector is defined as x = [st -0 %l

The PSD of the base excitation can be expressed as
(5.0)

Let the performance index be defined as a quadratic function of the relative displacement

(stroke) and the sprung mass acceleration.

P.I.= lim lE

Jim (37 +7%. Jar (.7)

o%\]

The optimal control policy can be found by minimizing the performance index with respect

to the control input #. Since the system is linear and the performance index is quadratic in

nature, the analytical solution to the linear quadratic Gaussian system is feasible. The

derivation of the optimal control law can be found in Appendix D. The optimal control law

for the system is

Policy 1: #* =—k *z, —cy %, (5.8)

One can observe that the optimal feedback control is a combination of passive spring and a

hypothetical skyhook damper. A physical realization of the optimal control policy is shown in

Figure 5.3
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Figure 5.3: Physical realization of control policy 1

In this configuration a passive damper is placed between the sprung mass and an imaginary
“sky” reference frame. This damper configuration is widely known as the ideal “skyhook”
damper. The idea of the skyhook damper has existed since the early 1970s [2]. The concept
was initially developed for automobile primary suspensions. The force generated by this
conceptual configuration is a weighted sum of the forces which are proportional to the relative

displacement and the absolute velocity of the sprung mass.

Optimal policy 2 was developed by treating the base input acceleration, ¥, , as Gaussian white

noise disturbance to the system. The PSD of the base excitation can be expressed as

(5.9)

The state equations can be written as
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Xl :%s_z‘u :z.r =X
N ; (5.10)
Xo = X5 R :;_”

where the state vector is defined as x = [{s -2 X z'u]'.

If the performance index is defined as in equation (5.7), the optimal control policy to minimize
the performance index with respect to the input, u, can be found analytically. The derivation
of the control policy can be found in Appendix D. The optimal control policy 2 for this

process is
Policy 2: w* = —kg, — ¢z, . (5.11)

Remark 1: The optimal damping value is a constant as defined by equation (5.12). It is the same
for both the optimal policies if the sprung mass and the tuning value in the performance index,
1, are kept the same. Since the spring stiffness 4; is a function of sprung mass and 7, the same

values of sprung mass and 7 imply the same £, value.
Csky — 65 — [optimal = Zm’é% : (5 12‘)

In this case, the optimal control policy is the well known parallel combination of a passive

spring and a passive damper.
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Figure 5.4: Physical Realization of Control Policy 2

A physical realization of the optimal control policy 2 is shown in Figure 5.4. The passive
spring-damper system is essentially a special closed loop feedback system which generates a
force which is weighted sum of the forces proportional to the relative position and the relative

velocity of the sprung mass.

Therefore, there are the two possible optimal policies based on the spatial characteristics of
the base excitation. The following sections will compare the seat acceleration and suspension
stroke response due to the two policies for a truck traversing various roads. The strength and

weakness of each policy will be discussed in more detail.

5.2 Skyhook Law Controller

As seen in the previous section, one of the optimal isolation systems involves a skyhook
damper. The ideal skyhook damper is a hypothetical concept. The ideal skyhook damper can
be realized in either of two ways. One way to develop the skyhook damping force is by using
active force generators. This results in complex systems requiring significant amount of power

input. Another approach is to approximate the ideal skyhook damper with a semi-active
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damper. The damping coefficient of the semi-active damper can be varied continuously
between a minimum and a maximum. Semi-active dampers are configured similar to passive
dampers, ie. they are located between the sprung mass and the base. The damping force

generated by the damper can be expressed as,

(5.13)

][scmi - [semiyrclativc >

where ¢emi is the variable damping coefficient.
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Figure 5.5: Semi-Active Realization of an Ideal Skyhook Damper

The objective of the skyhook law applied to semi-active dampers is to exert a damping force
equal to the force exerted by the hypothetical ideal skyhook damper on the sprung mass.
Consider the case where the sprung mass is travelling downwards and the suspension is
undergoing compression. In this case, the forces fieaskyhook aNd fremisiyhook €xerted on the sprung

mass are both directed upwards as shown in Figure 5.5 (left) and thus they may be equated.
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A similar case can be made when the sprung mass is travelling upwards and the suspension is
under tension. The right hand side of equation (5.13) can be equated to the force exerted by
the ideal skyhook damper on the sprung mass to determine the desired damping coefficient
when the ideal and semi-active skyhook damping forces (and therefore the sprung mass and

relative velocities) are in the same direction.

v
LN (5.14)

relative

csemi,desircdyrclaﬂvc = Ksky”sprung >

The absolute velocity of the sprung mass, 2rng, needs to be estimated to determine the semi-
active damping coefficient using the Skyhook law. Theoretically it can be obtained by
integrating the acceleration of the sprung mass and then detrending the resulting signal to
remove the DC offset. Song [3] suggested the use of a 2™ order integral filter. Shen, et al. [4]
proposed the use of jerk (derivative of the acceleration) of the sprung mass in place of sprung
mass velocity. This approach amplifies the noise that is usually observed when collecting

acceleration data.

By rearranging the terms in equation (5.14) the desired damping coefficient can be defined as,

psptung ”sprung > O

[scmi,dcsircd = sky >
v

(5.15)

relative relative

Now consider the case where the sprung mass is travelling downwards and the suspension is
in tension. In this case, the forces fieskyhook a0d fiemi €xerted on the sprung mass are in opposite
directions, as shown in Figure 5.5 (right). In this scenario the best that can be achieved by a

semi-active damper to emulate the ideal skyhook damping force is to exert no damping force.
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This can be achieved by setting the desired damping coefficient of the semi-active damper to
zeto.
=0

[scmi,dcsircd -

v
, < (5.10)

relative

In practice the maximum, éma, and minimum damping coefficients, émin, that the semi-active
damper can attain are determined by its design. Therefore the demanded damping coefficient

of the semi-active damper can be expressed as,

[max > fsemi,desircd > fmux
é‘semi,skyhook = cscmi,dcsired > cmin < J‘semi,desircd < é‘max (517)
fmin ’O<€semi,desired < cmin

The typical range of damping coefficients suggested by Ahmadian and Blanchard [5] is,

¢ =2c

max passive

(5.18)

¢, =0.1¢

passive

The linear damping coefficient of the passive seat damper was chosen to be 730 N.s/m for
the following simulations. Accordingly, the maximum and minimum damping coefficients for

the seat semi-active damper were,

m:

¢ =73 N.s/m

¢, =1460 N.s/m
‘ . (5.19)
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Figure 5.6 compares the responses to base excitation of the 1 d.o.f. systems with the ideal

skyhook damper and with the semi-active skyhook damper. The deflection of the base of the
system was the input to the system and was described as,

=0.04sin(w, t), m, 5.20
%base S

where @, was the frequency of the base excitation. The sprung mass acceleration of the semi-
active damper system was marginally greater than that of the ideal skyhook damper system.
The sprung mass displacement and suspension stroke of the semi-active system are good

approximations of the ideal skyhook system for excitation frequencies greater than the natural

frequency.
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Figure 5.6: Ideal Skyhook Damper compared to Semi-Active Skyhook Damper for a 1 d.o.f.

model
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Figure 5.7: Semi-Active Skyhook Damper Compared to Passive system

Figure 5.7 compares the sprung mass acceleration and the suspension stroke of the semi-active
skyhook damper to that of the passive system for the base excited 1 d.o.f system at two
different excitation frequencies, one close to (1.5x) the natural frequency and the other five
times the natural frequency. When the excitation frequency was close to the natural frequency
(1.5wy), the amplitude of the suspension stoke of the semi-active system was larger than that
of the passive system and was also greater than the amplitude of the base excitation. If there
are design constraints on the suspension stroke and the base excitation frequency is close to
the system natural frequency, the performance benefits of semi-active skyhook damper may

be compromised. For excitation frequencies higher than the natural frequency, the sprung
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mass acceleration due to the semi-active skyhook damper is much smaller than that of the
passive system while the suspension strokes are comparable. The semi-active skyhook system
is preferable over the passive system if the excitation frequencies are much higher than the

natural frequency or if there are no constraints on the suspension stroke.

5.3 Limitations of the Semi-Skyhook Policy

The ride at the driver’s seat was analyzed by replacing the nominal passive damper with a semi-
active skyhook damper. The skyhook damping rate, s, can be used as a tuning to achieve the
best ride comfort. For this study the skyhook damping rate was set to its optimal value of

(@*k*m)™ = 730 N.s/m.
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Figure 5.8: Semi-Active Skyhook Seat Damper, Gravel Road, 40 mph (64.4 kph).

The RMS vertical acceleration responses of the two systems traversing over a gravel road are

plotted in Figure 5.8. In this scenario, the semi-active skyhook damper (approximation of
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optimal policy 1) performed significantly worse than the passive suspension (optimal policy

2).

To understand the cause of the poor performance of the skyhook semi-active suspension,

the seat suspension deflection was analyzed.

Suspension Stroke, cm

Seat

20 40 60 80 100 120
Time, sec

Figure 5.9: Seat Suspension Stroke, Semi-Active Skyhook Damper

The time history of the seat suspension stroke for the semi-active skyhook damper is plotted
in Figure 5.9. It was observed that the seat suspension hits the bump-stops multiple times.
When the suspension hits the bump-stops the sprung mass (i.e. the seat and the driver)

experiences a sharp increase in acceleration which is harmful to the driver’s health.

A closer look at the PSD of the base displacement of the seat suspension (seat mount) provides
a understanding of the cause for the large suspension strokes for the semi-active skyhook

damper system.
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Figure 5.10: PSD of the Seat Mount Vertical Deflection, Gravel Road, 40 mph (64.4 kph)

On a gravel road, the seat mount experiences large amplitude excitation between 1.1 Hz and
1.5 Hz as observed from the PSD of the seat mount vertical displacement in Figure 5.10. The
seat mount excitation is a function of the cab floor vertical deflection and the cab floor pitch
motion. Road excitation around 1.3 Hz excites the tractor pitch mode (as discussed in section
4.1) which is a poorly damped mode. Since the cab mode is ~ 1.8 Hz, the tractor pitch mode
is not filtered by the cab suspension. The natural frequency associated with the seat heave
mode for a passive damper was 0.79 Hz (Table 4.1). As discussed earlier, for base excitation
frequencies close to the natural frequency, the suspension stoke of the semi-active skyhook
system was greater than that of the passive system. The seat suspension stroke range was

limited by the bump-stops (£7.5 cm). On a gravel road, the passive seat suspension utilizes
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the entire range of the seat suspension stroke. Replacing the passive damper with the semi-
active skyhook damper at the seat suspension leads to even greater suspension strokes.
Therefore the semi-active skyhook damper suspension hits the bump-stops multiple times on
a gravel road. This is a limitation of the application of skyhook controller to semi-active seat

dampers.

Passive .
" = " " Semi-Skyhook

RMS Stroke, cm

—_
un
T

0.4 0.6 0.8 1 1.2 1.4
RMS Weighted Acceleration, m/s’

Figure 5.11: Acceleration/Stroke tradeoff for several damping ratios

The suspension stroke of the semi-active skyhook seat damper on the gravel road can be
reduced by increasing the skyhook damping rate, ai,. The tradeoff in the suspension stroke vs
sprung mass acceleration for increasing values of iy and ¢asive Of the seat suspension when
traversing a gravel road at 40 mph are shown in Figure 5.11. It is observed that for the same
root mean square (RMS) suspension stroke the semi-skyhook damper produces much smaller
RMS weighted sprung mass acceleration. The RMS stroke corresponding to the maximum gy,

value for the semi-active skyhook damper is much larger than that for maximum passive
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damping, Gussive. 1f the magnitude of the road excitation demands a greater emphasis on limiting
the suspension stroke to avoid hitting the suspension bump stops, the passive damper is a
better solution. Choosing the value of the ¢, is therefore a tradeoff between seat suspension
stroke and seat vertical acceleration. For this study the value of ciy and Guassive were held at their

optimum value of (2&s,)" as derived in appendix D and stated in equation (5.12).

5.4 Fuzzy Switch

A fuzzy logic based algorithm was developed to enable the transition between the passive

policy and skyhook policy for both seat suspensions.

The inputs to the fuzzy logic algorithm were the RMS of weighted sprung mass acceleration
and the RMS of seat relative stroke. A frequency based weighting filter for vertical acceleration,
designed as per the ISO 8041 standard, was applied to the acceleration signal. The weighted
acceleration provides a more realistic input to the fuzzy switch. The root mean squares (RMS)
over a moving window of 2s were calculated for both the input signals. This time duration

allow enough time for the lowest frequencies of interest (~0.5 Hz) to complete one cycle.

The output of the fuzzy logic was a number between 0 and 1. An output of 0 made the
suspension behave as semi-skyhook suspension whereas an output of 1 made the suspension

behave as a passive suspension (pseudo-passive).
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Figure 5.12: Fuzzy Switch Scheme

The vertical acceleration at the seat was weighted using a weighting filter. The frequency
weightings for vertical acceleration are described in ISO 2631-1:1997 and I1SO 8041:2005 [6,7].
A transfer function developed by Rimell and Mansfield [8] to describe the frequency
weightings was used as the weighting filter. Applying the frequency weightings to the vertical
acceleration allows the acceleration membership function of the fuzzy logic to be developed

as per ISO 2631-1:1997 comfort boundaries. The filter profile is shown in Figure 5.13.
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Figure 5.13: ISO 2631-1 Vertical Acceleration Weighting Curve

The Fuzzy Switch input membership functions are shown Figure 5.15. The resultant surface

of the fuzzy output is shown in the Figure 5.14.
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Figure 5.14: Fuzzy Switch Output Surface
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Figure 5.15: Fuzzy Switch Input Membership functions
The verbal rules used for the fuzzy logic block-set are shown in Table 5.1.
Table 5.1: Fuzzy Logic Rules
Weighted Vert. Seat Acc. | Seat Suspension Stroke Fuzzy Output
High Low Low
High High High
Low Low Low
Low High High
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5.5 Estimation of the Seat Load and Suspension Stiffness

For the seat suspension, the mass of the seat + driver was used for calculation. Since the mass
of the driver varies from driver to driver and the stiffness of the suspension might change due
to operational wear and tear, estimating the mass and the stiffness leads to more accurate

optimal damping calculation.
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Figure 5.16: Estimator Signal Flow

The seat suspension stroke and the acceleration at the seat can be easily measured. These were
the input signals to the estimator. The velocity of the damper was obtained by differentiating

the suspension stroke. The following model was used for estimating the mass and the stiffness:

_fs%‘rel = ms%s +’és:zrel > (521>

where 7, and £; are the sprung mass and stiffness to be estimated respectively, ¢ was the known
damping value applied to the system during the duration of the estimator operation. To
minimize the memory requirement, a recursive least square (RLS) algorithm was adopted for

parameter estimation. The derivation of the RLS estimator can be found in appendix F.
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The seat estimator is run for 30 seconds. The sampling rate for the input signals was 200 Hz.
Noise was added to the input signals (SNR = 50) to replicate practical scenarios. A forgetting
factor of 0.98 was chosen for good convergence. The final estimated values of mass and
stiffness are used by the damper control policy. Figure 5.17 shows the estimated values when
the system is simulated over smooth highway. During the duration of estimation the seat

damping is set to its lowest value, i.e. the semi-active damper is turned ‘off’ .

Table 5.2: RLS Estimated Seat Values

Parametetrs Simulation Value Estimated Value % Difference
Seat Mass 106.9 106.3 0.56%

Seat Spring 2500 2456 1.76%
Stiffness

Table 5.2 shows the results of the RLS estimator. The estimated mass is within 1% of the

actual value and the estimated spring stiffness is within 2% of the actual value.
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Figure 5.17: Estimation of seat mass and stiffness

5.6 Ride Comfort with Semi-Active Seat damper on Different Road Surfaces

The RLS estimator was run for 30 seconds to estimate the sprung mass and the seat spring
stiffness values. Based on the final estimated values, the ai, value for the Skyhook law and ¢
value for the pseudo-passive damper in the Fuzzy Switch Control law were calculated based
on equation (5.12). The second simulation run was conducted to analyze the ride with these
estimated values used in the controllers. Since the difference in the estimated values and the
actual values are less than 2%, the results in the following sections hold for both cases. The

scheme used is shown in Figure 5.18.
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Figure 5.18: Estimator Controller Scheme

5.6.1 Smooth Highway at 60 mph

A study was carried out to analyze the ride at the driver’s seat by replacing the seat passive
damper with a semi-active damper using the Skyhook law and Fuzzy Switch Optimal law.
Figure 5.19 compares the RMS vertical accelerations at the seat between the passive system

and the semi-active damper systems on the smooth highway traversed at 60 mph.
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Figure 5.19: Driver RMS Vert. Acceleration Comparison for Different Control Strategies,

Smooth Highway @ 60 mph

The semi-active damper provides better isolation in the (0.8-3) Hz range as well as in the 6-9
Hz compared to the passive system. Observe that over the smooth highway the Fuzzy Switch
Optimum law behaves mostly like the Skyhook law. The switching nature of the Skyhook law
introduces some high frequency vibration in the sprung mass acceleration. Modified skyhook

laws have been studied to reduce the switching effect [9, 10].
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Figure 5.20: Weighted RMS Seat Acceleration Damper Controller Comparison, Smooth

Highway @ 60 mph

The weighted RMS vertical acceleration at the seat was reduced by 45% by employing a
Skyhook law or Fuzzy Switch Optimum law controller as shown in Figure 5.20. As one would
expect the longitudinal RMS acceleration is not affected by the seat suspension. The total

weighted acceleration at the seat is reduced by 14%.
5.6.2 Gravel Road at 40 mph

Figure 5.21 compares the RMS vertical accelerations at the seat between the passive system

and the semi-active damper systems on a gravel road traversed at 40 mph. Similar to the
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results on the smooth highway, the semi-active dampers provide better isolation in the (0.8-

3) Hz.
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Figure 5.21: Driver RMS Vert. Acceleration Comparison for Different Control Strategies,

Gravel Road @ 40 mph

As discussed in section 5.3, the Skyhook law leads to large suspension deflection when the
base excitation magnitude is large. This causes the suspension to hit the bump stops which
contributes to the degradation of ride quality due to increased sprung mass acceleration. This
is clearly observed for the Skyhook law for frequencies above 3 Hz. The Fuzzy Switch

optimum law provides much better isolation to the sprung mass than the Skyhook law above
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3 Hz. Even at frame beaming resonant frequencies (~7 Hz), the Fuzzy Switch Optimal law

provides better isolation compared to the passive damper.
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Figure 5.22: Weighted RMS Seat Acceleration Damper Controller Comparison, Gravel Road

@ 40 mph

On a gravel road traversed at 40 mph, the weighted RMS vertical acceleration at the seat
increased by 14% by employing a Skyhook law and was reduced by 36% with the Fuzzy Switch
Optimum law controller as shown in Figure 5.22. The total weighted acceleration at the seat
increased by 8% for the Skyhook law damper and reduced by 8% for with the Fuzzy Switch
Optimum law controller. The contribution of the longitudinal acceleration to the total

acceleration at the driver’s seat is greater than that of the vertical acceleration.
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5.7 Semi-Active Seat Damper with Rear Cab Mounted at Optimum Position

In chapter 4 it was observed that by placing the rear cab mounts near the beaming mode
nodes, both the longitudinal and the vertical accelerations at the seat near the tractor frame
beaming mode frequency (~7Hz) were significantly reduced. Significant gains in ride comfort
(both longitudinal and vertical) are expected by combing the effects of the semi-active seat
damper and that of the optimal cab mount Positions. A study was carried out to quantify the
ride comfort gains at the driver’s seat by replacing the seat passive damper with a semi-active
damper using the Fuzzy Switch Optimal law as well as placing the rear cab mounts in their

optimal position. For ease of writing let us term this configuration as the FSO1 configuration.

Figure 5.23 compares the driver seat RMS accelerations of the baseline configuration against
the FSO1 configuration. As expected the Fuzzy Switch Optimal law provides good isolation
to the seat vertical motion and the effect of the optimum cab mount locations in seen in the

lower longitudinal acceleration.
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Figure 5.23: Seat RMS Acceleration, Baseline vs. Semi-Active Seat + Optimum Rear Cab

Position, Smooth Highway @ 60 mph
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Figure 5.24: Weighted RMS Seat Acceleration, Baseline vs. Semi-Active Seat + Optimum

Rear Cab Position, Smooth Highway @ 60mph

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at the seat
was reduced by 48% by employing the FSO1 configuration as shown in Figure 5.24. The
weighted RMS longitudinal acceleration at the seat was reduced by 36% and the total weighted
acceleration at the seat is reduced by 40%. In fact as per the ISO 2761:1997 classification the
ride with the FSO1 configuration can be termed as “not uncomfortable”. Similar

improvements in ride comfort can be expected on the other road surfaces.
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5.8 Semi-Active Seat Damper with Full Cab at Optimum Mount Positons

In chapter 4 it was observed that by employing a fully suspended cab and placing the cab
mounts near the beaming mode nodes, the longitudinal and the vertical accelerations at the
seat were significantly reduced. The added ride benefit of the “full cab” should be observed in
the low frequency longitudinal acceleration since the cab and frame pitch motions would be
better damped. A study was carried out to quantify the ride comfort gains at the driver’s seat
by replacing the seat passive damper with a semi-active damper using the Fuzzy Switch
Optimal law as well as placing the cab mounts in their optimal positon for a fully suspended

cab. Let us term this configuration as the FSO2 configuration.

Figure 5.25 compares the driver seat RMS accelerations of the baseline configuration against
the FSO2 configuration. As expected the Fuzzy Switch Optimal law provides good isolation
to the seat vertical motion and the effect of the optimum cab mount locations in seen in the

decreased longitudinal acceleration.
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Figure 5.25: Seat RMS Acceleration, Baseline vs. Semi-Active Seat + Optimum Full Cab

Position, Smooth Highway @ 60 mph
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Figure 5.26: Weighted RMS Seat Acceleration , Baseline vs. Semi-Active Seat + Optimum

Full Cab Position, Smooth Highway @ 60 mph

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at the seat
was reduced by 48% by employing the FSO2 configuration as shown in Figure 5.26. The
weighted RMS longitudinal acceleration at the seat was reduced by 45% and the total weighted
acceleration at the seat is reduced by 46%. As per the ISO 2761:1997 classification the ride
with the FSO2 configuration can also be termed as “not uncomfortable”. The FSO2

configuration improves the ride by 10% compared to the FSO1 configuration.
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Two additional control strategies for semi-active seat damper were explored in this work. Each
of these control strategies provides some benefit over the Skyhook law but at some cost. The
benefits provided by these control strategies and the penalties of them will be discussed in

more detail in the following sub-sections.
5.9. Model Predictive Control with Excitation Preview

The previous formulation of optimal control policy looked at developing the optimal policy
for the isolation system of a 1 d.o.f. system where the stroke of the suspension is penalized in
the performance index. An alternative approach to developing the optimal policy was explored
in this work where the limits of the suspension stroke (dictated by the bump stop-bump stop
range) are incorporated in the constraints of the optimization problem. To test the efficacy of
this approach a model predictive controller (MPC) was developed. The evolution of fast
computing has opened the possibility of applying MPC policy to systems with relatively fast

dynamics like a suspension system. Consider the 1 d.o.f. problem shown in Figure 5.

The corresponding equation of motion of the system in the discrete state space form is
x(7+1)= A x(7)+Byu(i)+ B, w(7) (5.22)

where x:[zrel f%rd]' is the state vector, g, and z,, are the relative sprung mass

displacement and velocity respectively. The control force # dictates the sprung mass

acceleration as:

"= mz, (5.23)
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Since the control force is realized by a spring and a semi-active damper, the allowable force

is described by
#= K3 T ()3 (5.24)

The base acceleration is modeled as disturbance to the system. For this study it is assumed
that accurate preview of the base acceleration is available. For this study the base acceleration

was recorded using the 15 d.o.f model traversing different roads.

W= dyase = %base (525)

Let the performance index be
n—1 5
J=> |20 (5.26)
i=1

where 7 is the prediction horizon. For this work the preview horizon and the prediction
horizon are assumed to be the same. If Grax and min are the limits of the damping rate of the

variable semi-active damper, the dissipativity constraints on the control force are

+ Cmin |j€rel S 0

%rel| S 0 . (527)

_|% _’ézrel

|” - ’ézrel | ~ Crmax

Sgn(% - ’ézrel) - Sgn(z'rel) =0

To avoid the suspensions hitting the bump stops, an additional constraint on the relative

displacement of the sprung mass is

Rel S Rlim (5 28)
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The objective of the problem is to minimize the performance index described in equation
(5.26) subject to the system dynamics described in equation (5.22) and the constraints
described by the equations (5.27) and (5.28). The optimal control problem can be solved by
using a finite optimization horizon and obtaining the sequence of optimal control inputs over
the horizon. Only the first in the sequence of inputs is applied at each time step. The complete
derivation of the MPC policy can be found in appendix E. The parameters used for the MPC
policy are stated in Table 5.3. The constraints are non-linear and therefore optimization at

each time step was computed using the fwincon function in the Matlab environment.

Table 5.3: MPC Controller Parametets

Discrete time step | Preview time Preview distance Preview distance
@ 60 mph @ 40 mph
0.01s 0.1s 2.7m 1.8m

Figure 5.27 compares the seat RMS acceleration for the different control strategies when the
vehicle traverses a smooth highway at 60 mph. It was observed that the MPC policy improves
the ride comfort when compared to the passive damper in the 0.8-3 Hz and the 6-9 Hz range.
It must be noted that the Skyhook law performs better than the MPC policy. This indicates
that the optimal control sequence computed at each time step is probably not the global

optimum.

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at the seat
was reduced by 39% by employing the MPC policy as compared to the passive damper as

shown in Figure 5.28.
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Figure 5.27: Seat RMS Acceleration, MPC vs. Passive vs. Skyhook Law, Smooth highway

@60mph
0.06 T
- Passive
| ISkyhook |, . vvn ... . . . Faitly,
0.05f - MPC uncomf.
0.04} ] -
. Little,
uncomf.

Weighted RMS
Seat Acceleration, G
o o
= o>
[} ey

001}

Vert. Lc;lg. Total

Figure 5.28: Weighted RMS Seat Acceleration, MPC vs. Passive vs. Skyhook Law, Smooth

Highway @60 mph
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Figure 5.29 compares the seat RMS acceleration for the different control strategies when the
vehicle traverses a gravel road at 40 mph. The seat acceleration is marginally improved by the
use of the MPC controller compared to a Skyhook law controller. The MPC controller is able
to maintain the suspension stroke within the bounds of the bump-stop limits (Table 5.4).
Compared to the passive damper, the MPC controller provides better ride in the 1-3 Hz range

but is significantly worse in the 3-6 Hz range and abovel0 Hz.
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Figure 5.29: Seat RMS Acceleration, MPC vs. Passive vs. Skyhook Law, Gravel Road @ 40

mph
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Figure 5.30: Weighted RMS Seat Acceleration, MPC vs. Passive vs. Skyhook Law, Gravel

Road @ 40 mph

On the gravel road the weighted RMS vertical acceleration at the seat was the same for both
the passive and the MPC policy as shown in Figure 5.30. The MPC policy provides better ride

than the Skyhook law. The ride was “uncomfortable” for all three cases.

In the previous formulation of the MPC controller, the seat acceleration was penalized.
Human sensitivity to vertical acceleration varies with the frequency of the acceleration.
Specifically, human beings are more sensitive to vertical acceleration in 4-8 Hz band. The ISO
2631:1997 and ISO 8041 [0, 7] specify a frequency based weighting filter for vertical and
horizontal acceleration which accounts for this factor. A study was carried out to explore the

benefits of penalizing the frequency weighted seat vertical acceleration. The performance
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index can be reformulated from equation (5.20) to include the effect of frequency weighting

as:

n—1

J=X 2.0 (5.29)

i=1

where aw is the frequency weighted sprung mass accelerations. The transfer function relating

the frequency weighted acceleration to the acceleration is defined as:
ay,(s) =W, (s)a(s) (5.30)

where Wi(s) is the weighting filter in the s-domain as specified by [7]. The objective of the
optimization problem at each time step of the frequency weighted model predictive controller
(weighted MPC) is to minimize the performance index as specified by equation (5.29) subject
to the system dynamics described in equation (5.22) and the constraints described by the
equations (5.27) and (5.28). The complete formulation of the performance index and the
constraints in predictive form can be found in appendix E. The parameters used for the

weighted MPC policy were kept the same as the MPC policy and are stated in Table 5.3.

Figure 5.31 compares the seat RMS acceleration for the weighted MPC control strategies
against the Skyhook law and passive seat damper when the vehicle traverses a smooth highway
at 60 mph. It was observed that the weighted MPC policy improves the ride comfort when
compared to the passive damper in the 0.8-3 Hz and the 6-9 Hz range. Even with the weighting

filter applied to the predicted acceleration, the Skyhook law provides the best ride. Further
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study needs to be carried out to ascertain whether the global optimum of the optimization

problem is found at each time step.

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at the seat
was reduced by 42% by employing the weighted MPC policy as compared to the passive

damper as shown in Figure 5.32.
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Figure 5.31: Seat RMS Acceleration, Weighted MPC vs. Passive vs. Skyhook Law, Smooth
Highway @ 60 mph
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Figure 5.32: Weighted RMS Seat Acceleration, Weighted MPC vs. Passive vs. Skyhook Law,
Smooth Highway @60 mph
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Figure 5.33: Seat RMS Acceleration, Weighted MPC vs. Passive vs. Skyhook Law, Gravel
Road @ 40 mph
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Figure 5.34: Weighted RMS Seat Acceleration, Weighted MPC vs. Passive vs. Skyhook Law,
Gravel Road @ 40 mph

Figures 5.33 and 5.34 compare the seat acceleration for the different control strategies when
the vehicle traverses a gravel road at 40 mph. The driver ride is marginally improved with the

use of the weighted MPC policy compared to the MPC policy.

Table 5.4 compares the passive damper against the skyhook law, the MPC and the weighted
MPC policies. The weighted MPC policy improves the ride significantly on the smooth
highway and marginally over the gravel road. The computational costs of the MPC and
weighted policies are order of magnitude greater than the Skyhook law based on the time

required to complete the simulation runs.
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Table 5.4: Driver Seat Ride Comparison for Different Damper Control Strategies, Nominal

Rear Suspended Cab
Damper Type Weighted % Ride Max Stroke, | Time to
Vertical RMS Improvement cm simulate
acceleration, G 120
seconds , s
Smooth Highway @ 60 mph
Passive 0.031 3.4 13
Skyhook law 0.016 48% 5 15
MPC 0.019 39% 5.6 400
MPC with 0.018 42% 5.6 400
weighted acc.
Gravel Road at 40 mph
Passive 0.074 7.9 13
Skyhook law 0.084 -18% 9.3 15
MPC 0.074 0.03% 7.9 552
MPC with 0.068 8% 7.8 552
weighted acc.

5.10. Quadrant Law Control

A closed form controller for semi-active damper based on the Quadrant law was developed

in the 1980s by Rakheja and Sankar [11] as an alternative to the Skyhook law specifically for

semi-active damper. The objective of the Quadrant law is to minimize the acceleration of the

sprung mass. Figure 5.35 shows the working principle of Quadrant law applied to a semi-

active damper. This thesis compared the performance of a semi-active quadrant damper with

a semi-active skyhook damper and a passive damper.
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Figure 5.35: Working Principle of Semi-active Quadrant (Rakheja-Sankar [11]) Law

Rakheja and Sankar [11] observed that for a passive damper when the spring force, fiin, and
the damping force, f.., exerted on the sprung mass are in the same direction, as shown in
Figure 5.35 (left), they add up to produce the sprung mass acceleration.

— _(ﬁPri"g + ]rsemi ) Rrelative >0 , (531)

a =z
sprung sprung >
m

sprung ”relative

where i and Ve are the relative displacement and velocity between sprung mass and the
base. In this scenario, an ideal semi-active damper should exert no damping force to minimize
the sprung mass acceleration. This can be achieved by setting the damping coefficient of the

semi-active damper to zero.

, zrelativc > O (5.32)

yrclativc

=0

é‘desired,quadrant
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When the spring and the damping forces exerted on the sprung mass are in opposite directions

as shown in Figure 5.35 (right), their difference causes the sprung mass acceleration.

a

_(fspfing - fsemi ) i Rrelative <0 (533)

sprung = zspmng - w »
sprung relative

In this scenario to minimize the sprung mass acceleration, the Quadrant law prescribes a
damping force equal in magnitude and opposite in direction of the spring force to the sprung
mass. Accordingly, the desired damping force exerted by the semi-active Quadrant damper on

the sprung mass should be,

- spring relative >

%rclative < O . (5 3 4)

relative

f;emi = cdesired,quadrantyrelative

After rearranging the terms in equation (42), the damping coefficient can be expressed as,

_/éspring zrelative

— zrelative < O (5.35)

cdesired,quadrant >

”rclativc ”rclativc

In practice, the maximum, 6max, and the minimum, 4w, damping coefficient that the semi-active
damper can attain is determined by its design. The demanded damping coefficient of the semi-

active Quadrant damper can be expressed as,

Imax > tdcsircd,quadmnt 2 cmax
[semi,quadrant = [desired,quadmnt ’[min < [desired,quadmnt < [max (5'36)
€ min > 0< c‘dcsired,quadrant < Cmin
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The response of a 1 d.o.f. system using a semi-active quadrant damper is compared to that of
a passive system in Figure 5.36. The excitation frequency of the base was twice the system
natural frequency. The semi-active quadrant damper system reduces the sprung mass

acceleration. Observe that the suspension stroke was somewhat greater for the semi-active

system.
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Figure 5.36: Response to Base Excitation: Passive vs. Semi-active Quadrant Damper, 1 d.o.f.

ride model

A study was carried out to analyze the ride at the driver’s seat by replacing the seat passive
damper with a semi-active damper using the Quadrant law. Figure 5.38 compares the RMS
vertical accelerations at the seat between the passive system and the semi-active Quadrant

damper system on the smooth highway. The weighted RMS vertical acceleration at the seat
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was reduced by 42% by employing a quadrant law controller (Figure 5.37). However, the
reduction in the weighted RMS vertical acceleration was less than that achieved by skyhook

law controller.
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Figure 5.37: Weighted RMS Seat Acceleration, Passive vs Skyhook vs Quadrant Seat
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Damper, Smooth Highway @ 60 mph

120



10° 2.5 hi
N it 0114
E IN\-
—_ -~ 1O] ’ \‘-. .
LIRS
O =
S 5
g8 10” \‘
5 2 \
n if \
5 Passive
= Skyhook
. r/ = = = Quadrant
107 1 1 1 T T T 11
10" 10" 10' 10”

Frequency, Hz
Figure 5.38: RMS Seat Vertical Acceleration, Passive vs Skyhook vs Quadrant Seat Damper,

Smooth Highway@ 60 mph (96.56 kph).

Figure 5.39 shows the response of each system on a gravel road at 40 mph (64.4 kph). The

semi-active Quadrant damper performed worst on this type of road.
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Figure 5.39: RMS Seat Vertical Acceleration, Passive vs Semi-active Quadrant Seat Damper,

Gravel Road, 40 mph (64.4 kph).

Figure 5.40 compares the seat suspension stroke of a semi-active Quadrant damper system
and a passive damper traversing a gravel road at 40 mph. For the semi-active Quadrant

damper, the suspension hits the bump-stops multiple times.
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Figure 5.40: Seat Suspension Stroke, Semi-Active Damper with Quadrant Law (Top), Passive

Damper (Bottom), Highway with Gravel, 60 mph (96.56 kph).

The Quadrant law prescribes the damping force based on the suspension deflection. The
damping force is high at the beginning of the compression and expansion strokes since the
exerted spring force and the damping force are in opposite directions (Figure 5.35 (right)).
When the suspension is approaching the bump-stops the damping is set to a minimum since
the spring force and the damping force exerted on the sprung mass are in the same direction
(Figure 5.35 (left)). When approaching the bump-stops the semi-active Quadrant damper
dissipates less energy than the passive damper leading to greater suspension strokes. Therefore
the seat suspension with the semi-active Quadrant damper was observed to hit the bump-
stops frequently. Hitting the bump stops significantly reduces the efficacy of the skyhook and

quadrant law dampers on rougher roads.
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5.11. Conclusions: Semi-active Damper Control Strategies

Table 5.5: Driver’s Seat Ride Comfort for Different Control Strategies and Cab Configurations

Controller/Configuration Weighted total % Ride ISO 2631:1997
RMS Improvement Ride
acceleration, G Classification

Smooth Highway @ 60 mph

Passive with rear cab 0.052 Fairly
Uncomfortable

Fuzzy Switch with rear cab 0.045 14% A Little
Uncomfortable

Weighted MPC with rear cab | 0.046 12% A Little
Uncomfortable

Quadrant with rear cab 0.046 12% A Little
Uncomfortable

FSO1 (Fuzzy with rear cab, 0.031 40% Not

optimum position) Uncomfortable

FS02 (Fuzzy with full cab, 0.028 46% Not

optimum position) Uncomfortable
Gravel Road at 40 mph

Passive with rear cab 0.12 Uncomfortable

Fuzzy Switch with rear cab 0.11 8.3% Uncomfortable

Weighted MPC with rear cab | 0.12 3.2% Uncomfortable

Quadrant with rear cab 0.53 -341% Extremely

Uncomfortable

FSO1 (Fuzzy with rear cab, 0.079 34% Fairly

optimum position) Uncomfortable

FS02 (Fuzzy with full cab, 0.071 40% Fairly

optimum position) Uncomfortable
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Table 5.5 compares the performance of the control strategies for the seat semi-active damper
along with different cab configurations. Among the control strategies for the seat semi-active
dampers, the control strategy employing the fuzzy switch mechanism provides the best ride
on both a smooth highway and a gravel road. The ride at the driver’s seat is “fairly
uncomfortable” on a smooth highway employing a passive damper. All the control strategies
studied in this thesis manage to make the ride “a little uncomfortable” on the smooth highway
which is an improvement over the passive damper. Improvement in ride on a gravel road is
much more difficult to achieve due to the suspension design space constraint. The ride is
“uncomfortable” with a passive damper. Employing a fuzzy switch or a weighted MPC control
strategy, the driver’s seat ride on a gravel road can be marginally improved but it is still
“uncomfortable”. The Quadrant law control strategy provides an “extremely uncomfortable”
ride on gravel road. It must also be commented that the weighted MPC controller is

computationally very expensive and is probably not implementable in real time.

A large improvement in driver ride comfort is achievable by employing a semi-active damper
at the seat with the fuzzy switch mechanism and locating the cab mounts near the beaming
nodes. For a rear suspended cab, the ride on a smooth highway is “not uncomfortable” and
that on a gravel road is “fairly uncomfortable”. This would be the author’s recommended
configuration as it significantly improves the ride on both roads and would not involve
substantial redesign of the tractor. A fully suspended cab mounted on the frame near the nodal
points with semi-active seat damper provides the best ride. The ride improvements compared
to passive damper is 40% or more. For truck manufacturers seeking to offer the best possible

ride, this configuration offers the best promise.
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CHAPTER 6

SUMMARY AND CONCLUSIONS

6.1 Model Validation

The truck vertical ride dynamics simulation tool used in this thesis was developed based on a
15 vertical plane d.o.f. model of the tractor semi-trailer. The simulated response of the
developed (reduced order) model was compared to that of the commercially available

simulation software, TruckSim.

The following conclusions were drawn from the validation process

e The largest difference observed between the static axle loads of the two models was

less 1%. The difference between the two model’s axle loads was insignificant.

e Comparison of the dynamic response of the two models traversing a smooth small

road bump at 60 mph revealed similar sprung mass and axle deflection response.

e Since the static axle loads and dynamic response of the two models are very similar,

one can conclude that the reduced order Matlab model matches the TruckSim model.

6.2 Design Study Results

The following conclusions were drawn from the frame flexibility and cab design studies.

e Increasing the frame beaming frequency by 50% improves ride comfort by 15% but
also increases the dry mass by 14%. The trade-off between improved ride comfort and

reduced fuel economy needs to be evaluated by the truck fleet operators.
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The fully suspended cab compared to the baseline configuration provides up to 18%
reduction in the total weighted RMS acceleration at the seat and up to 26% reduction
in the longitudinal weighted RMS acceleration. The cost of designing a front cab
suspension and retrofitting it to the existing trucks might be financially unappealing to

the truck manufacturers.

For a rear suspended cab with the cab mounts re-located close to the nodal points of
the beaming mode, the weighted RMS longitudinal seat acceleration is reduced by 39%
and the total weighted RMS acceleration at the seat is reduced by 24%. If properly
designed, locating the cab mounts near the beaming mode nodal points could be a

fairly cheap retro-fitting process that leads to significantly improved ride.

Compared to the baseline model, a 48 % reduction in the weighted RMS longitudinal
seat acceleration and 31 % reduction in total weighted RMS seat acceleration is
achieved by locating the mounting positions of a fully suspended cab near the nodes

of the beaming mode.

6.3 Semi-active Damper Study Results

Various control strategies for a semi-active seat damper were explored in this work .The

following conclusions were drawn from the study of the semi-active seat damper control study

as applied to a tractor semi-trailer with rear suspended cab.

There are two possible optimal policies for the seat isolation system based on the

spatial characteristics of the base excitation.
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The optimal damping value is a constant and is the same for both the optimal policies

if the sprung mass and the spring stiffness are kept the same.

The weighted RMS vertical acceleration at the seat when the truck is traversing a
smooth highway at 60 mph was reduced by 45% by employing a Skyhook law or Fuzzy

Switch Optimum law controller compared to a passive damper.

On a gravel road traversed at 40 mph, the weighted RMS vertical acceleration at the
seat was reduced by increased by 14% by employing a Skyhook law and was reduced
by 36% with the Fuzzy Switch Optimum law controller. The drawbacks of the
Skyhook Law to large excitation levels are clearly manifested on this road and at this

velocity.

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at
the seat was reduced by 48% by employing the Fuzzy Switch Optimal semi-active seat
damper and locating the rear cab mounts near the beaming nodes of the tractor frame.
In this configuration, the weighted RMS fore-aft acceleration at the seat was reduced
by 36% and the total weighted acceleration at the seat is reduced by 40%. In fact, as
per the ISO 2761:1997 classification the ride with this configuration can be termed as
“not uncomfortable”. This is the most promising avenue to improve the ride comfort

at the driver seat.

On a smooth highway traversed at 60 mph, the weighted RMS vertical acceleration at
the seat was reduced by 48% by employing the Fuzzy Switch Optimal semi-active seat

damper, suspending the front and rear of the cab from the frame and locating the cab
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mounts near the beaming nodes of the tractor frame. The weighted RMS fore-aft
acceleration at the seat was reduced by 45% and the total weighted acceleration at the
seat is reduced by 46%. As per the ISO 2761:1997 classification the ride with this
configuration can also be termed as “not uncomfortable”. This configuration provides
the greatest benefit to driver seat ride comfort. However a financial design study needs
to be carried out to find if the cost of employing a fully suspended cab justifies the

additional cost.

e The novel MPC based semi-active damper reduces the weighted RMS vertical
acceleration by up to 42% and 8% when compared to a passive damper when
traversing a smooth highway and a gravel road at 60 mph respectively. The
improvement in ride comfort when traversing a gravel road is significant when
compared to the passive seat damper. It must be commented that the computational
requirements of the developed MPC controller are much greater than any of the other

semi-active damper controllers and is probably infeasible to implement in real time.

6.4 Future Work
Some possible avenues for future work to further develop the tractor semi-trailer model and

the control strategies for semi-active cab damper.

e Correlating the simulated data with physical test data would lend more credibility to
the model. This study shows the importance of locating the nodal points of the tractor

frame bending modes to the proper design of the cab mount locations. Test data which

129



sheds more light on the mode shapes with appropriate boundary conditions on the

frame would greatly add to the understanding of the ride dynamics of the truck.

Developing a three dimensional truck ride model that includes the longitudinal sprung
mass velocity, the cab roll motion and the frame twist. This model can be used to

accurately evaluate the ride comfort due to asymmetric road excitation.

This study only includes the first bending mode of the frames. The “assumed mode”
method lends itself to easy addition of higher frequency modes with if the mode shapes
are known analytically or can be approximated. A finite element analysis of the frame
can be used to determine the mode shapes of the frame bending modes in the

frequencies of interest (<25 Hz).

This study shows the possibility of greatly improving the ride at the drivet’s seat by
employing a semi-active seat damper with an appropriate control strategy. A possibility
exists of further improving the driver’s seat ride by developing control strategies for

semi-active cab dampers (for a rear suspended cab or a fully suspended cab).

A recursive least square estimator to estimate the seat load and the seat suspension
stiffness was developed in this thesis. The development of the estimator assumes
constant longitudinal velocity of the truck. The estimated values are then fed to the
seat semi-active damper control strategy. A more realistic scenario would be to

estimate the values when the vehicle is accelerating (e.g. starting from stand still).
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It is the belief of this author that the relative poor performance of the MPC scheme
when applied to the semi-active seat damper is because of the failure of the
optimization routine to find the global minimum of the design performance index.

Further study to improve the MPC scheme should focus on this aspect.
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Appendix A

Baseline Truck Data, Eigenvalues and Eigenvectors

Table A.1: Dimensions of the Tractor Semi-Trailer Model

Symbol Description Generic | Unit
a Distance from 1* Tractor Axle to Tractor CG 2.210 m
b Distance from 2™ Tractor Axle to Tractor CG 2.440 m
d Distance from 3™ Tractor Axle to Tractor CG 3.760 m
¢ Distance from 1% Trailer Axle to Trailer CG 0.460 m
f Distance from 2™ Trailer Axle to Trailer CG 1.83 m
J Distance from Tractor CG to 5" Wheel mount 2.900 m
/ Distance from 5" Wheel mount to Trailer CG 5.725 m
u Distance from front cab mount to Tractor CG 1.825 m
b Distance from engine mount to Tractor CG 1.400 m
i Distance from rear cab mount to Tractor CG 0.725 m
n Height of Tractor CG above Horizontal 5" Wheel mount 0.025 m
2 Height of Trailer CG above the Tractor CG 0.845 m
q Distance from front cab mount to cab CG 1.232 m
r Distance from rear cab mount to cab CG 1.338 m
$ Distance from cab CG to seat mount 0.032 m
w Distance from cab CG to tractor CG 0.613 m
y Distance from tractor CG to seat mount -0.419 m
ds Height of driver seat over cab CG 1.0" m
bar Front end of the tractor to axle #1 1.175 m
L, Length of Tractor 7.870 m

Ly Length of Trailer 11.450 m
Tiire Nominal Tire Radius 0.48 m
Table A.2: Inertial Properties

Symbol Description Generic | Unit
7 Tractor Mass 3783 kg
I; Tractor Frame Moment of Inertia 46590.9 | kg m?

Wiy Trailer Mass 10800 kg
L Trailer Moment of Inertia 200000 | kg m?
7w Trailer Load Mass 11367 kg
72 Cab Mass 1471 kg
I, Cab Moment of Inertia I, 2250 | kgm’
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s mass of driver’s seat + 200Ib driver 106.7 kg
7, Mass of engine 2030 kg
iz Tractor Steer Axle mass with tires 635 kg
W2 1** Tractor Drive axle mass with tires (conv./wide-base) 988 kg
iz 2" Tractor Drive axle mass with tires (conv./wide-base) 857 kg
Wi 1" Trailer axle mass with tires (conv./wide-base) 1007 kg
Wl 2" Trailer axle mass with tires (conv./wide-base) 1007 kg

Table A.3: Vehicle Suspension Parameters

Symbol Description Generic Unit
£ 1% tractor axle spring coefficient 540000 N/m

ko 2" tractor axle spring coefficient 675000 N/m

£ 3" tractor axle spring coefficient 630000 N/m

ky 1*" trailer axle spring coefficient 2764000 N/m

ks 2 trailer axle spring coefficient 2764000 N/m
¢ 1*" tractor axle damping coefficient 11270 N.s/m
) 2" tractor axle damping coefficient 27500 N.s/m
) 3" tractor axle damping coefficient 27500 N.s/m
e 1" trailer axle damping coefficient 83300 N.s/m
Cs 2" trailer axle damping coefficient 83300 N.s/m

k. Engine Mount Spring coefficient® 10050000 N/m
‘. Engine Mount Damping coefficient 13300 N.s/m
Table A.4: Seat Suspension Parameters

Symbol | Description Generic Unit
~s Driver’s seat spring coefficient 2500 N/m
6 Driver’s seat damping coefficient 730 N.s/m

Table A.5: Cab Suspension Parameters

Symbol Description Rear Fully Units
Suspended Suspended

ko Front spring stiffness 68880000 80000 N/m

ko Rear spring stiffness 80000 80000 N/m

o Front damping 227000 13500 N.s/m

Cor Rear damping 13800 13500 N.s/m

Note: No seat and cab suspension data available. The cab suspensions were designed for natural frequency of

~ 1.8Hz and damping ratio, & ~ 1

@ For our calculations we combine all the suspensions on the engine to arrive at a total value — ke =
10050x10° N/m and ce = 13300
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Table A.6: Natural Frequencies and Damping Ratios (Baseline)

M;;de Fre(cll_lllze)n cy Dz;{l:llg;ng Mode Description
1 146.95 0.015 Body Heave (out of phase)
2 54.06 0.008 Cab
3 13.74 0.073 Engine Heave
4 11.92 0.677 First trailer axle suspension
5 11.51 0.582 Second trailer axle suspension
0 9.54 0.371 Third tractor axle suspension
7 8.96 0.271 Second tractor axle suspension
8 8.7 0.19 First tractor axle suspension
9 8.14 0.008 Trailer Frame Beaming
10 0.9 0.054 Tractor Frame Beaming
11 1.84 0.976 Cab mode
12 0.98 0.695 Seat heave
13 1.36 0.078 Tractor Pitch (Engine heave)
14 1.98 0.193 Counter Pitch (Tractor Frame Mode)
15 1.77 0.078 Trailer Pitch (Trailer frame heave)

Table A.7: Eigenvectors of the Baseline Linearized Model

Natural Frequency = 146.95 Hz, Damping Ratio = 0.015

DOF Magnitude Phase
Zs 0 95
Ze 0.04 -175
0. 0.03 -5
Ze 0 -130
Z 1 0
0. 0.23 0
q: 0.62 1
Zds 0.2 177
Bur 0.13 -2
qeir 0.48 -2
Zi 0.02 -92
2 0.04 -91
Z3 0.08 -90
74 0.02 -89
Zs 0.02 -89

Natural Frequency = 54.06 Hz, Damping Ratio = (0.008

DOF Magnitude Phase
Zs 0.02 -90
e 1 0
0. 0.81 180
Ze 0.02 26
Z 0.31 -179
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0: 0.08 1
q: 0.09 -179
Zilr 0.03 -178
Ou: 0.02 3
qeir 0.07 4
Zi 0.03 86
Z) 0.01 93
z3 0.01 95
Z4 0.01 -76
Z5 0.01 -76
Natural Frequency = 13.74 Hz, Damping Ratio = 0.073
DOF Magnitude Phase
Zs 0.02 76
Ze 0.25 168
0. 0.18 21
o 1 0
Zt 0.31 -176
0. 0.08 4
q: 0.26 12
Zilr 0.02 -179
O 0.01 4
qQeir 0.05 3
Z1 0.13 71
Z 0.12 103
z3 0.11 -64
Z4 0.03 -36
Zs 0.02 -34
Natural Frequency = 11.92 Hz, Damping Ratio = 0.677
DOF Magnitude Phase

Zs 0 -143
Ze 0.02 -12
0. 0.01 177
Ze 0.01 52
Z 0.05 -3
0. 0.02 3
q: 0.04 -12
Zr 0.06 -144
Our 0.03 -166
qeir 0.23 -179
Z1 0.01 151
22 0.03 -170
Z3 0.07 -178
Z4 1 0
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Z5 | 0.76 \ 5
Natural Frequency = 11.51 Hz, Damping Ratio = 0.582
DOF Magnitude Phase
Zs 0 -62
Ze 0 61
0. 0 -123
Ze 0 122
Zt 0 65
0. 0 73
qe 0 59
Zilr 0.02 -167
O 0 -148
qQeir 0.04 18
Z1 0 -136
Z) 0 -98
z3 0.01 -106
74 0.75 -174
Z5 1 O
Natural Frequency = 9.54 Hz, Damping Ratio = 0.371
DOF Magnitude Phase
Zs 0.01 131
Ze 0.08 -121
0. 0.04 -29
Ze 0.05 47
Z 0.1 -149
0. 0.03 -143
q: 0.3 -161
Zr 0.04 -145
Our 0.02 34

qeir 0.11 2
Zi 0.16 0
22 0.11 61
Z3 1 O
Z4 0.12 -8
Zs 0.08 8
Natural Frequency = 8.96 Hz, Damping Ratio = 0.271
DOF Magnitude Phase
Zs 0 20
Ze 0.03 122
0. 0.02 154
Ze 0.06 -113
Z 0.02 -162
0: 0.01 -136
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q: 0.09 50
Zilr 0.01 -144
O 0.01 34
qeir 0.05 0
Z1 0.1 -143
Z2 1 0
z3 0.07 -134
74 0.04 -8
Zs 0.02 4
Natural Frequency = 8.7 Hz, Damping Ratio = 0.19
DOF Magnitude Phase
Zs 0.01 119
Ze 0.05 -145
0. 0.03 -21
Ze 0.05 -110
Z 0.04 178
0. 0.01 49
q: 0.11 172
Zir 0.01 133
Or 0 -48
qeir 0.03 -81
Z1 1 0
22 0.08 42
Z3 0.22 -178
Z4 0.03 -88
Zs 0.02 -79
Natural Frequency = 8.14 Hz, Damping Ratio = 0.008
DOF Magnitude Phase

Zs 0.01 151
Ze 0.1 -125
0. 0.13 -16
Ze 0.07 47
Z 0.28 -176
0: 0.08 -180
q: 0.59 -166
Zilr 0.11 -178
etlr 0.07 2
eir 1 0
Zi 0.56 166
Z) 0.26 170
z3 0.92 -165
Z4 0.67 -2
Z5 0.36 -1
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Natural Frequency = 6.9 Hz, Damping Ratio = 0.054

DOF Magnitude Phase
Zs 0.04 -10
Ze 0.24 77
0. 0.29 130
Ze 0.32 -166
Z 0.13 -25
0. 0.02 -152
q: 1 0
Zr 0.03 -36
Our 0.01 132
qeir 0.41 18
Zi 0.68 9
2 0.26 -143
Z3 0.56 23
Z4 0.3 23
Zs 0.14 26

Natural Frequency = 1.84 Hz, Damping Ratio = 0.976

DOF Magnitude Phase
Zs 0.74 -167
2 1 0
0. 0.88 -1
Ze 0.1 169
Z 0.09 169
0. 0 2
q: 0.04 -22
Zilr 0.02 165
Bur 0.01 -13
Qeir 0 -33
Zi 0.02 177
Z) 0.01 176
z3 0.01 -178
Z4 0 173
Z5 O —6

Natural Frequency = 0.77 Hz, Damping Ratio = 0.7

DOF Magnitude Phase
Z 1 0
Ze 0.02 601
0. 0.01 45
Ze 0 109
Zt 0 109
0. 0 -69
qe 0 =72
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Zir 0 102
Or 0 -74
qeir 0 -123
Zi 0 113
22 0 114
z3 0 101
Z4 0 106
Z5 0 -64
Natural Frequency = 1.36 Hz, Damping Ratio = 0.078
DOF Magnitude Phase
Zs 0.75 -76
Ze 0.88 -9
Oc 0.19 -144
e 1 0
Z 0.68 -1
0: 0.21 -179
q: 0.04 179
Zilr 0.01 -17
Bur 0.01 169
Qe 0 0
Zi 0.34 7
2 0.04 11
z3 0.03 -154
Z4 0 -13
Z5 0.01 179
Natural Frequency = 1.98 Hz, Damping Ratio = 0.193
DOF Magnitude Phase
Zs 0.6 -117
Ze 0.96 -33
0. 0.82 -39
Ze 0.38 18
Z 1 0
0. 0.52 -7
q: 0.22 -166
Zilr 0.85 -24
O 0.3 -175
qr 0.07 72
Z1 0.08 166
Z) 0.55 20
z3 0.62 19
Z4 0.4 -14
Zs 0.24 -47

Natural Frequency = 1.77 Hz, Damping Ratio = 0.078
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DOF Magnitude Phase
Zs 0.13 25
Ze 0.19 99
0. 0.18 104
Ze 0.04 133
Z 0.22 131
0: 0.13 131
q: 0.04 -39
Zule 1 0
Ou: 0.26 -18
qeir 0.18 -180
Z1 0.03 -37
2 0.13 151
23 0.16 151
24 0.54 7
Z5 077 3
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Appendix B

Equations of Motion

The equations of motion for the fifteen degree-of-freedom tractor semi-trailer are derived in
this appendix using Newtonian and Lagrangian approaches. Except the frames, all other

equations of motion were derived using Newtonian mechanics.

For simplicity only spring forces are shown in the free body diagrams. As the spring and

dampers are in parallel, the derivation of force is same for both elements.

Equation of Motion of Driver Seat

|
1 3
ks (Zs — 1, —s6, )

C C

Figure B.1: Free Body Diagram of the Seat.

Summing forces in vertical direction, we have
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—f—TEFI/éI(%I—%[_50[)‘*‘55(%;_éf_fé;):_mx%x <B1)

Bump-stops were introduced to the seat stiffness curve. The seat spring element behaves
linearly in the normal operation regime of * 7.5 cm. There is a smooth transition between the
linear regime and the bump-stop. Figure B.2 shows the variation of spring force versus

deflection for the seat suspension

8000

6000 /
4000 /
2000 /

-2000 /'
-4000

-6000

Seat Spring Force, N
[

-8000
-0.1 -0.05 0 0.05 0.1

Seat Spring Deflection, m

Figure B.2: Seat Spring Force vs. Deflection Curve

Equation of Motion of Cab

ks(zc + Sec - Zs)

ks (z,—06,. -z, +ub,— X, (b, +a—-u)q,)

k,(z,+r6,—z,—16, — X, (b, +a+i)q,)
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Figure B.3: Free Body Diagram of the Cab

Summing forces vertically, we have,

+1%F:
k(z, 450, —z)Fe (3,450, —3)

+k, (3, —q0. —z, +ub, — X, (b, +a—u)g,)

tep (3, —q0, =%, + 16, — X, (b +a—n)g,) (B.2)
+k, (3, +7r0. —z,—i0, — X, (b, +a+i)q,)

to, (3,410 —%,—ib, — X, (b, +a+i)q,)

= _m[zf
Summing moments about cab CG , we have,

—T—EM:
ok, (3, + 50, —3,) + 50,3, + 56, —3,)
—qky (3, =40, =z, + 10, = X, (b +a—n)q,)

—gey (3. — 40, — %, + 10, = X, (b +a—u)q,) (B.3)
+rk, (3,470, — 3, — 6, — X, (b,; +a+i)q,)

e, (340, =%, — i, — X, (b +a+1)g,)

=10,

Equation of Motion of Engine

) v

ke(ze_zt+h(9t_xt(bal+a_h)qt) m.Z
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Figure B.4: Free Body Diagram of the Engine

Summing forces vertically, we have,

R, (ze -3 +b€t — X, (b, +‘l_b)%‘>
e, (%, =% 06, — X, (by +a—h)q,) (B.4)

= _mcze
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Equations of Motion of Tractor Frame

The tractor frame has 3 d.o.f.: frame heave, frame pitch and 1* mode of beaming. The beaming

mode is simplified using separation of variables

Ut(X,t) = Et(x)qt (t) B.5)

The frame equations of motion are derived using Lagrangian method. Let the mass density of
the frame per unit length be . This includes the mass of the components bolted onto the C-
channels as well as the C-channels themselves. It is assume that the mass of the components

is uniformly distributed along the length of the tractor frame. Therefore,

ILLt = pCCACC +Mcomp > (B'6)

where g is the density (per unit volume) of the material used to manufacture the C-channels
and A.. is the cross-sectional area of the C-channels. zomp is the mass per unit length of the
additional components on the frame (obtained by dividing the mass of all the components on

the frame by the total length of the frame.

The generalized coordinates for the tractor frame motion are

5/-:[%;,9;,%] B.7)

The Lagrangian method uses kinetic (T) and potential energy(l”) of the system, along with

generalized forces (2), which are determined from the virtual work done by the external forces.

L=T-V (B.8)
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For the tractor frame, the kinetic energy is derived as,

+

T= [~ (3~ (b — )6, +X,()4, ) v, (B.9)

L
0
and the potential energy of the system is defined as,

L

t

V=Bl [ (x69) &
0

1 2
+E’écf (’Zc _qec — 3 +%9t _Xt(bal +ﬂ_”)4l)
1 . N \2
+E'écr (%c +7‘€c — 3 _Zet _Xt(bal +ﬂ+z)qt)
1 2
+E/ée (zt _/791 +Xt(bal +ﬂ_b)qt _%>
1 2
+E'é1 (%_“Qz‘ +Xt(ba1)%_%> (B.10)
1 2
ke (2 + 00, + X (b +at D) —z2)
1 2
ks (3, 6, + X (b +atd)g —25)
1 . . 2
k& (2 + /0 + X (b +a+ g — e + 04 — X (0)g4,)

+damping energies

Note that only the C-channels contribute to the strain energy of the system. The mass due to
additional components that are bolted on to the frame are treated as rigid nodal mass points

which do not undergo any strain (infinite Young’s modulus).

It may be shown using Hamilton’s principle that the variation of the Lagrangian is equal to

the generalized forces,
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R B.11)

For tractor the external force do not perform any work thus & = 0.

For & =3,
—ky (3. — 0. —z, + 10, — X, (b, +a—n)q,)
—ty (z q9 — % +ub, — X, (b, +a—ﬂ)q‘t)
ko (3,410, =5, — i, — X, (b +a+1)q,)
= (810, z‘éf—Xf<bﬂ1+a+z'>q;)
k, (,— 06, + X, (by +a—h)g, —3.)

e, (3 =0, + X, (b +a— B, —3,)

ko (3, —ab, + X, (b,)g, — 1)

(8= ab, + X, (0,003, %)

ky (2, +60, + X, (by +a+b)g, —3,)

+e; (Z +b0 +X,(b,,+a+b)g, — )

ks (2,40, + X, (b +a+d)g, —z3)

65 (2, +d0, 4 X, (b +a+d)g, — %5)

A, (% + 70, + X, (b +a+t /)4~ +/et/r_Xz‘/r(O)qt/r)

o, (% + 70, + X, b+ a+ D, = 5 10— X 0V ) (.12)

+ 4+ +

+ -

__’”z%f‘I'Nzng(b,g—X)dx—#i%le(x)dx
0 0
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For &, =0,

+%/étf (Z; -z, +ub, —X,(b, —i—a—ﬂ)qt)

+uc, <{[ -z, —|—Mé' - X, (b, —l—a—ﬂ)q'f)
—ik, (3, +70, =3, — i, — X, (b, +a+i)g,)
—ic, (3, +10, =3, —i0, — X, (b, +a+1)q,)

—bk, (5, — 16, + X, (b, +a—h)g, —z,)—he, (%, — 16, + X, (b, +a—h)g, —3,)

—ak, (3, —ab, + X,(b,))q, — 1) —ae, (%, — b, + X, (5,))d, — %)

ok, (3, 00, + X, (b, +a+b)g, —2,)+bey (3, 60, + X, (b, +a+b)q, —%,)

ks (3, +d0, + X, (b, +a+d)g, —z3)+des (3, +d0, + X, (b, +a+d)g, —3)

+jk, (3, + 0, + X, (by +a+ j)g, =z +10,, — X, (0)q,,)
(

+e, + /0 +X (bﬂ ta+ /)% %';/r + /al/r - X//r (O)él/r)

= +%tlu7f(bgq _X)dx_lfét +Mt§lef(X)(b[g — x)dx
0 0 (B.13)
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For 53 =9

—X (bal +‘l_”)’é¢ (z; 3 +”01 _X/(bal +‘l_”)g1)
X (bal + a— %)ff (Z[ z‘/ +”91 _Xt(bal +ﬂ _”)ql>
-X (bal +a—+ Z)/é[r (Z[ + 7‘9 - zz‘ - 20 Xl(bal +a+ Z)ql)

~X, (b atiye, (3,470, —3,—ib, — X, (b, +a+i)g,)
+X, (b, +a—hk, (3, —h0, + X, (b, +a—h)q, —3,)

+X, (b, +a—hye, (3, =0, + X, (b, +a—h)g, —2,)

+X, (b )k (3, = a0, + X, (6,000, —30) + X, ()6 (2, — b, + X, (0,03, 1)
+X, (b, +a+bk, (2, +00, + X, (b, +a+b)q,—z,)

X, (b, +at+0)e, (3,460, + X, (b, +a+b)g, —%,)

+X, (b, +a+d)ky (3, +d0, + X, (b, +a+d)q, —3;)

+X, (b +a+d)es (3, +db, + X, (b, +a+d)g, — %)

X, by +a+ )k, (3, + 0, + X, (b +at g, =z +10, — X,(0)q,,)
+X, (b, +a+ j)e, (fi + /9; + X, (b tat+))q, =3, + /éﬂr - X;/,-(0>?;/r)

+Ezmqj(x;<x>)z e (B.14)

0
L,

{,uth (x)dx—l—uﬂth (x) 19 —x)dx ,UJ,q[f(X (X))

0 0
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Equation of Motion of Steer Axle: Axle 1

kl(zl —4 a‘gt - Xt(bal)qt)

ktl(zl - Zrl) mz,

Figure B.5: Free Body Diagram of Steer Axle

Summing forces vertically, we have,

k& (221 —z,tab, — X;U%l)%) + £, (%1 - %ﬁrl)

. . : . 3y (B.15)
ten (81— %)+ (21— %, + a0, — X, (b,)0,) = —mi,
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Equation of Motion of 1* Drive Axle: Axle 2

|(2(22 —Z —b@t _xt(bal+a+b)qt)

kt2 (Zz - Zrz)

Figure B.6: Free Body Diagram of 1st Drive Axle

Summing forces vertically, we have,

) (%2 =z, — b0, — X, (b, +ﬂ+b)%>+'éfz (%2 _%rz)

L Y : . (B.16)
e <Z2 _%rz) +e (%2 =%, =00, —X,(by +a ‘I'b)%) =732
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Equation of Motion of 2" Drive Axle: Axle 3

ks(zs_zt —d@t _Xt(bal+a+d)qt)

kt2 (23 B er)

Figure B.7: Free Body Diagram of 2rd Drive Axle

Summing forces vertically, we have,

ks (%3 =z, —db, — X, (b, +ﬂ+d>%>+'é;3 (%3 _%r3)

. L : . (B.17)
+63(%3_%r3)+53(%_%_dez_Xz(bgl‘*‘ﬂ‘*'d)%):_%%z

Equations of Motion Trailer Frame

The equations of motion for the trailer beam are also developed using Lagrangian method. If

the mass per unit length of the trailer is
gy = pccAcc + Mcomp,tlr > <B18)

where g. is the density (per unit volume) of the material used to manufacture the C-channels
of the frame and A. is the cross-sectional area of the C-channels. pcomp: is the mass per unit

length of the additional structural elements on the frame.
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The beaming mode is simplified using separation of variables.

77t1r(XJ) = thr(x)qtlr(f) (B'19)

The generalized coordinates for the trailer frame motion are

6/' = [%ﬂr > etlr > qtlr] (B'ZO)

For the trailer frame, the kinetic energy is derived as,

i 1 . . 2
T = fz/‘btlr (%tll‘ _(/_X)gtlr +thf(X)qtlf) dX s (B'21)
0

and, the potential energy in the system is,

L/

tr

V=Bl [ (x5, 0))

1 2
+E’é4 (%tlr _eetlr + Xy (/L +6)qy, — %4)

1 2

+E'é5 (%ﬂr + fO04 + X, (I + g, _%5) (B.22)
1 . . 2

+E’éx (%t +]9t +Xt(bal +a+/)qt — e +/0tlr _thr(o)qtlr)

~+damping energies

Note that only the C-channels contribute to the strain energy of the system. The mass due to
additional components that are bolted on to the frame are treated as rigid nodal mass points

which do not undergo any strain (infinite Young’s modulus).
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It may be shown using Hamilton’s principle that the variation of the Lagrangian is equal to

the generalized forces,

d
dt

oL

=== 23
3 (B.23)

For tractor the external force do not perform any work thus & = 0.
For 61 = e

+4, (%dr — by, + X, (! + )y, _%4)

b4 <Z't1r - eétlr + X (1 + ), _%'4)

ks (%ﬂr + fetlr + X (U + f)u: _%5)

5 (Zue + fOue + XU+ i —25) (B.24)
—, (30 + 70, + X (b +a+ /)g. —zae + 100 — X0, (0)44,)

—0, (%4 /0, + X, by + @+ /)d. = Zue + 100 — X4 (0 )

+ + +

L/lr Lm.
= _mt/r%tlr + lu’/rétlr f (/ - X) dx — /’Ltlrgtlr f thr (X)dX
0 0

155



For &, = Hﬂr

—eky (%ﬂr —efy, + Xy, (/ + )y, _%4)

Ty (%‘tlr - eétlr + Xy (/ +6)g, _%'4>

+ ks (R + SO0+ X+ g —35)

+ fos (Zae + e + Xl + f)dae —%5) (B.25)
Ik, (30 70, 4 X (b +a+ )g =300 + 105 — X3, (0)g4,)

e, (%4 0,4 X (b +a+ /)a = Zae + 100 — X, (0, )

L/

tr

L///
= +%¢P¢/;»A/rf(/ - X)‘ZX - Itlrétlr + Htlrétlrf X () (/ _X)dx
0 0

For §3 =q,

+ X (L + )k (20, — Oy + X (U4 €)qu —34)

+ Xy (/ +0)ey <%ﬂr - €édr + X (/ + ) gy _%'4>

+X (U s (R + fOue + XU+ )0 —35)

+ XU+ o5 (B + FOae + X oo+ e — 35 )

— X (00, (3, + 0, + X (byy +a+ /)g. — a0 + 10 — X (0)q,)
~ X (0)e, (2 + 0, + X (b +a+ )i, — % + 100, — X, (0)dy,

I‘[lr

+EItlr,ccqtlrf<X:1r(X))2 dx
0

L//r Lm,
==Xty f Xy () + p,0,, f Xy (x) (/ - X) dx
0 0

L, (B.26)
— LGy f Xt/r(x)zdx
0

156



Equation of Motion of Axle 4: Trailer Axle 1

k4 (24 - Ztlr - eHtlr - thr (I + e)qtlr )

kt4 (24 - Zr4)

Figure B.8: Free Body Diagram of 15t Trailer Axle

Summing forces vertically, we have,

ky (%4 — g — 0y, — Xy, (I + e)%lr) + 4y (%4 - %4)

o (4 =) Foy (%4 — Zar — 0y — X, (1 + e)%lr) = T34
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Equation of Motion of Axle 5: Trailer Axle 2

k5 (25 - Ztlr - 1o, tlr thr(I + f)qtlr)

Kis (Zs - er) Ms Zs

Figure B.9: Free body diagram of 2nd Trailer Axle

Summing forces vertically, we have,

ks (25 =2 — SOue — X (U4 )Gue )+ 405 (25 —2u5)

: . (B.28)
Fees (%5 = %es) s (£ ( —Zue = fOge — X/ + f)%k) = —535
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Tractor and Trailer Frame Equations of Motion: Alternate Formulation.

For this thesis it was assumed that the mass of the components bolted onto the tractor and
trailer frames is uniformly distributed over the length of the frame. One can alternatively
assume that the masses of the components are concentrated at certain points along the length

of the frame. Let components of mass, 7, and inertia, [ be located at x; from the

comp, > comp; >

c.g. of the frame. For the tractor frame, the kinetic energy is,

T = [EZIC"mP10§+EZ(MC()mPi ({t _(bcg _X;)Qtz +Xt(Xz)qt)2)]
: | ®.29)

+f%mc (%'t —(b,, —x)6, +Xt(x)ét>dx

0

Similarly for the trailer frame, the kinetic energy is derived as, (x; is distance from trailer frame

cg)
1 .2 1 . . . 2
T= [E z Icomp,tlr, gtlr + E (Z 77 omp i, (%ar - (1 —X; )etlr + Xdr (Xz )er ) )]
e | B
—’_leu’[: (z.tlr —(/ =)0, + X, (X)q.tlr)dx

0

Since the mass components on the frame do not contribute towards the strain energy of the
system, the total potential energy in the system is as stated in equations (B.10) and (B.22). The
spatial deflections X(.) and Xu(.) are determined by the assumed mode shapes of the flexible
structures. The assumed mode shapes should satisty the boundary conditions. A approximate
mode shape can be determined from the finite element model of the channels with the

components attached. Since the potential energy is the same as in the previous method, the
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stiffness and the damping matrices remain the same. The kinetic energy of the systems
determines the mass matrix. Solving for each of the generalized coordinates as in the previous

method, we get the following

For 51 = %
- % =2 oo, (£ = (g =200, + ()4
I, (B.31)
+wa<%t _(bcg —x)0, —|—X,(X)%)dx
0

Rearranging the terms,

d;

zt [chomp +/,l,”de

+ (B.32)

Lr
_Z mcomp/ (bcg - Xi) — My f(b

-+

i

-+

Lr
D oy Xel) 11, [ Xt<x>dx]
0

For & =0,

%[g;] comp t Z”icomp (bcg l)({; _(bcg —Xj)é; +X;(Xz)%)
L (B.33)
it [ (b =) (5 = (b =200, + X, ()7, )

0

Rearranging the terms we have,
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L/
Z 7 comp, (bcg i) — My f (b

+
ar 89
.o 2 2 2
O Leomp + D Peomp, (g =) + 1t [ (b =) | + (B.34)
0
LI
ét _Z mcompl Xt (Xi)(bcg - Xz') - ,u”th(X>(ng - X)dx]
0
For 53 =q,
” 3qt = Peomp, X (3) (8 = (bog =500, + X, ()7,
(B.35)
it [ X008 — (g = )0+ X, ()5, ) s
Rearranging the terms we have,
or
ol |7 [Z Moy X (53) F 11 f X, () |+
0.1~ Mo, (b = )X (%) + 1, f X (%) (b — %) | + (B36)

:

-

L/
chomplth(Xi)+/‘Lffth2(X)dX]
0

Let the total mass of the tractor frame including the components be 7 and the total mass

inertia of the frame including the components about the frame c.g. be I.. Therefore

161



L,
wt - chompl + /J’fffdx b (B‘37)
0
and,
Ll
2
It = Icomp + Z mcomp, (bcg - Xi) + M”f (bcg - X)Z dX <B38)
0

The modified mass matrix for the tractor frame is

L

=D e (g =) 3 e X))+ 1, [ X, (e

0

L

My = =D Meomp ((/]q,; - X;)) I, =D M, X (5 )b — %) — e f X, (x)(by —x)dx

0

L L L
D o, X5 1 [ X0 =3 Mgy X3 =)= e [ X(3) (b, — )i D oo X2 F [ X ()

0 0 0

(B.39)

This mass matrix operates on the state vector [zt Ht ét]'.
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Similarly, if the total mass of the trailer frame including the components is 7 and the total
mass inertia of the trailer frame including the components about the frame c.g. is lu., the mass

matrix for the trailer frame is,

L,

P =3 eompas 1 —,) > eompin XaeG) + bt [ Xe()d
0
L,

M, = =D eompar (L= 257) I =3 e X ) =3)= 1 [ Xoo (o) = %)

0
Ly, L, L,

> Meomptn XaeG) bt [ Xael)d =3 eompan Xar ()0 = 3=t [ X ()0 = e > Meompian Xae )+t [ X ()
0 0 0

(B.40)

. . . .o N .o ]
The state vector for the trailer frame mass matrix is |, er Gor
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Appendix C

Sample Calculation for Tractor Beaming Frequency

A typical cross-section of a truck frame chassis is shown in Figure C.1

Cross Beam
Neutral Axis L X

Figure C.1: Typical Frame Chassis Cross-section

If the tractor frame is modeled as an Euler-Bernoulli beam, the natural frequency of beaming

is given by,

Bl EI_
a)beam = ( 2) = (Cl)
I N pA+ U,

where
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e 0, is the density of the material, kg/m’,

e [ the modulus of elasticity, Pa,

e ] the cross-section area moment of inertia of the c-channels about the x-axis, m*,
e A, the cross-section area of the c-channels, m?,

e / the length of the beam, m,

Peomp > the mass per unit length due additional components and cross-structures,

kg/m, and

e (b)), is a constant determined from the boundary conditions

A typical tractor beam can be modeled as a steel beam pinned at the fifth wheel and free at
the other end. Tractor beams are constructed of two C-channels connected by horizontal cross
members called ladders. Typical dimensions of a C-channel are used for sample calculation

below.

For a steel beam,
E = 200x10° N/m?,
£ = 7800 kg/m’,

For the C-Channel,

bh> —(b— X (h—2x1#)
Iesx = ( )12( ) ; (C.2)

A typical C channel dimension would be
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b="75mm, h = 300 mm and # =7mm

Therefore,
75x 300" — (68)x (284)’
IC X-X = X ( )X( ) 5 (C.3)
N 12
I, =3619%x10°'mm" =3.619x10"m" (C4

Since the two C-channels are parallel to each other, the total area moment of inertia can be

calculated summing the area moment of inertia of each C-channel. Therefore,

I =2I_=7237x10"m". (C.5)

The area of a C-channel cross-section is,

A =bh—(b—1)(b—2£)=T5x300—68%286, (C.6)

A.=3.05x10"mm” =3.05x10" m"”. (C.7)

The total cross-sectional area can be calculated as the addition of the 2 C-channels.

Therefore,

A=2A4=61x10"m?>. (C.8)

The length of the tractor beam is /= 7.87 m. The total mass of the components bolted onto

the tractor frame is 7 = 3408 kg. Therefore the mass per unit length due to the additional
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components is geomp = 433 kg/m. Using the values calculated for area moment of inertia and

cross-sectional area, we can calculate the natural frequency of vibration as,

_(BI) [200x10° x7.237x107°

© =787\ 7800%6.1x 10 +433 (€

w,=(pI) x2.81. (C.10)
For a free-pinned beam, for the first mode of vibration, the constant

Pl =3.923 . (C.11)

Therefore for a tractor beam modeled as an Euler-Bernoulli beam, the fundamental frequency

of vibration is,

@, =3.923" x2.81 rad/s, (C.12)

®, =6.89 Hz. (C.13)

The natural frequency thus calculated matches closely with those found experimentally.

167



Case Study: Adding plates on the top and the bottom of the flanges

tadd $

Cross Beam
Neutral Axis

Figure C.2: Chassis Frame Cross-section with Plates Mounted for additional Bending

Stiffness.

Consider the case where plates of thickness, z4a = 50 mm, are rigidly mounted on the flanges

of the C-channels. The width and the length of the plates are same as that of the flanges of C-

channel.
The total cross sectional area of the plates is:

A pres = bt 3q = 4X75%50 = 15000 mm”* = 0.015 m?

plates
The total area moment of inertia of the plates is:

h+1t h
" ey — (5)3
=4p =4x75x%

Ix—x,p]atcs 3

=198.4%x10° mm*

(350)’ —(300)°
24
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I =198.4%x10°m"*

x-x,plates

The natural beaming frequency can be calculated as,

By | Bt )
E A p(AT A )+ Hemy

3.9266° [2x10'"(0.7237+198.4)x10™°
7.87° 7800(6.1+15)x 107 +433

o, =74.97 tad/s =11.93 Hz
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Appendix D

Derivation of Optimal Policies for Seat Isolation

The optimal policy for an isolation system is developed for a 1 d.o.f. system in this

Appendix.

T=

s

77 s

v

R
Figure D 1: A1 d.o.f. system for developing the optimal control policies
Case 1: Base velocity as white noise disturbance

Consider the 1 d.o.f. system with sprung mass, 7. The dynamic equation of the system is
m3, +u=0, D.1)

where # is the control input. Let the state vector be defined as
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D.2)

If the base input velocity, g, , is treated as white noise disturbance to the system, the state

equations are,

‘*1 :z.s_z.u :“%r =Xy
" D.3)

Xy =3 T
m

Equation can be represented in state space form as below,

x=Ax+Bu+Ly (D.4)
where,

A 01 D.5

=lo o (D.5)

B= 0 6

L D.7

=(, ©.7)

If we assume that all the states are observed and include the process noise in the performance
index, a Linear Quadratic Gaussian controller can be developed as shown below. The
performance index to be minimized is a quadratic function of the suspension stroke and

sprung mass acceleration,
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P.l.= lim lE

T—00 2

D.8)

[
0

From equation (D.8) the acceleration term can be rewritten as the system input,

2
xTQxM[ﬁ] H D.9)

P.l.= lim lE
T—o0 2

/

where,

o}
|

- (D.10)

and ris the weighting on the sprung mass acceleration. The weighting factor, 7, can be used as

a tuning factor to

Since the system is a linear system and the performance index is quadratic, using calculus of
variation [52], the optimal solution for the infinite horizon case can be analytically found [53]

and is a full state feedback control policy.

w* = —Kx D.11)

where K is the optimal steady state feedback gain matrix,

(D.12)

and P is the solution of the following algebraic Riccatti equation (ARE)
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PBBP

r

AP+PA—

+Q=0

Also, we know that P is symmetric

P P Pz}
P> P
Solving the ARE we have
IO a1 p o s +l1 0]:0
2D rippy py ] 1000

Thus,

Py =12 py =2

The feedback gain matrix is

' 2

r P P3| r
Kzﬂz mr_% mﬁri%

r

This leads to the formulation of the optimal control policy 1

_1 _1
w* = —mr Axl —m\2r sz

Rewriting the controller in terms of the physical
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_1 _1
u* = —mr Azr — m\2r Az (D.20)

S

One can observe that the optimal feedback control is a combination of passive spring and a

hypothetical skyhook damper.
u* = —/é; e 55@*%5 (D.21)

The optimal spring stiffness and damping coefficient are function of the tuning factor r. It is

interesting to note that the optimal damping ratio £ is a constant

_h

2\r /2

§

=0.707 (D.22)

And the natural frequency of the system is a function of the tuning factor
w, = \/E =\ V2= (D.33)
m

Therefore the selection of the rdetermines the bandwidth of the isolation system.
Case 2: Base acceleration as the white noise disturbance

Instead of treating the base velocity as the process noise one can alternatively treat the base
acceleration as the process noise. Using the same 1 d.o.f. model as above and defining the

state vector as

{c_%ﬂ

%y _%u

H , (D.23)
%
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The state equations can be written as

)'Cl :és_%’u :z'r =X
e . (D.24)
X =Zs —Ru :;_”

State Space Representation can be similarly developed as

x=Ax+Bux+Lv (D.25)
where,
0 1
A= , (D.206)
0 0
0
B= , (D.27)
1/ m
0
L= J . (D.28)

The performance index is as defined by equation (D.9). If we compare equations (D.26) and
(D.27) to equations (D.5) and (D.6), we observe that the A, B matrices are the same for both
models. Since the solution of the ARE is dependent on only A, B matrices, the optimal

feedback controller is the same for both model. But in this case,

Xy =3

Therefore the optimal control policy 2 is formulated as
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_1 _1
it = Vn — 2 (D.29)

re

In this case, the optimal controller is a combination of a passive spring and a passive damper

in parallel.
n* = _’é;zr - [J%‘r (D3O>

Therefore depending on the spectral characteristics of the base excitation there are 2 possible
optimal control policies. Both involve a passive spring between the sprung mass and the base

surface.
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Appendix E

Derivation of the MPC Controllers

/4 T m
3s

— V@
 —

'Zrcl = {\‘ _ "{LI

Vs

Figure E.1: Free body diagram of the 1 d.o.f system used for MPC controller derivation

The seat was modeled as a base excited linear 1 d.o.f. system. The equation of motion of the

system can be represented in the state space form as:

x=Ax+Bu+B,w (E.D)

Wherex:[{rel z’rel]' is the state vector, z,, and %, are the relative sprung mass

displacement and velocity respectively. The system matrices are
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o o
A= , (E.2)

0 0
= 0 E.3
_—1/7%, (E-3)
B, = ! E.4

The control force # dictates the sprung mass acceleration based on the equation (E.5)

u= force = mz, (E.5)

Since the control force is realized by a spring and a semi-active damper, the allowable force is

described by

n= /éxfzrel + K(t)%.rel (E6)

The base acceleration is modeled as disturbance to the system. For this study it is assumed
that accurate preview of the base acceleration is available. For this study the base acceleration

was recorded using the 15 d.o.f model traversing different roads.

W= appse = %base (E7)

The objective of the controller is to minimize the effects of the disturbance on the dynamic

response of the system. The model can be discretized as

x(i +1) = Ayx (i) + Byu(i)+ B,yn(i) (E.8)
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If the discretized version of the model is used let the performance index be

n—1

J=X|a0) (E.9)

i=1

where 7 is the prediction horizon. For this work the preview horizon and the prediction
horizon are assumed to be the same. Equation (E.9) can be written in terms of the state vector

and the control input as
]:Z[X'j Qx, +u,'Ru, (E.10)
i=1

where the weight on the control input is R =1 and the weight on the state vector is

0 0
0 0

Q=

If Gnax and Gmin are the limits of the damping rate of the variable semi-active damper, the

dissipativity constraints on the control force are

_|% _’ézrel + Cmin |z.rel <0
|” - ’ézrel z‘rel <0 . (E1 1)

ﬂgﬂ(% - ’%zrel) - ‘régﬂ(%‘rel) =0

~ Cmax

To avoid the suspensions hitting the bump stops, an additional constraint on the relative

displacement of the sprung mass is

Rrel| = Rim (E.12)
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where giim is the maximum allowable relative displacement. The constraints stated in equations

(E.11) and (E.12) can be stated in terms of the system states as

—|ﬂ—/éxl|—|—cmin |x2| <0
x,| <0

|% — /éx1| — Cpnax

(E.13)
sign(n — k) — sign(x,) =0

|X1| S Rlim

Observe that the constraints imposed are non-linear. The problem cannot be reduced to a
quadratic programing problem even though the model is linear and the performance index is

quadratic.

The control problem is to minimize | with respect to #(z) subject to the system dynamics (E.8)
and constraints (E.13). The control problem can be rewritten as an optimization problem by

developing the prediction model for the system dynamics as
X=®x, +I'U+T'yW (E.14)

where Xis the matrix by stacking all the future states, U is formulated by stacking all the future
control inputs, and W is formulated by stacking the preview disturbance. xy is the current state

vector. It can be shown that the matrices ®@,I',I"  can be formulated as

@ = (E.15)
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AB B
r— 1 nd d
n—1 n—2
Ad de Ad Bd Bd
de
Adde de
Ty =

A7 B,y AiB,

The performance index can also be written in terms of xp, X and U:

J=x",Qx, +X'QX +U"WU

where
Q 0
Q=
0 Q 2nX2n
and,
R 0
Y =
0 R

nXxn

Substituting equation (E.14) in (E.18)

J=x"gQxy +[®xy +TU+T W] Q[®x,+TU+T,W]|+U"WU
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Jx,U)=x")[Q+ @' Q®|x, + 2 'T"', QdPx, +2U 'T' QP

E.22
+U'I'QTr+Y|U+W'T,'QI, W +2U'T'QI, W/ (522

Since the objective is to reduce the performance index | with respect to control input U, terms
which are not a function of U can be ignored.

J(x,U)=2U'T'Q®x, +U'l"' QT + ¥|U +2U'T' QT , W (E.23)
The constraints are also be expressed in terms of xy, U and W as

D x|+ M|X]|+ Z|U — Dy, — M X|-C <0 (E.24)
and,

sign(U — Dy — M X)) — sign(—Degxg = Mg X) =0 (E.25)

where C, D, Dy, Deq, M, My and M. are defined as:

£ 0

D ;Deq =

N+1x2

;D) = (E.26)

10 U Onsz N-H1x2

0,2n
BN=2)%2 |3\ +1x2
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032 O32(n-1)
0 € min 0
M= 0 “Crmax Oaxz(N—l) M =& 0
1 0 . o
(N+1)x2N (E.27)
(BN+1)x2N
M = 1
N+1x2N
0
0
C= (E.28)
lim
3N+
Using equations (E.23) and (E.14), the constraints can be written as
D x|+ M|®x, +TU +T |+ (529
Z|U =Dy — M, (@x +TU + Tl )| = C <0 '
sgn (U —Dyxp — M, (P +TU + T V) —
(E.30)

50 (~Deqg — Meq (Pog +TU +T W) =0

Therefore the objective of the optimization problem is to minimize the performance index as

stated in equation (E.23) subject to constraint equations (E.29) and (E.30).

This study also explored the option of using a frequency weighted sprung mass acceleration

in place of sprung mass acceleration to develop the performance index. The performance
p prung p p p
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index can be reformulated from equation (E.19) to include the effect of frequency weighting

as:

J=x'yQuxy+X'QX + A, WA, (B.31)

where A is the stacked vector of the sprung mass accelerations over the prediction horizon

and is defined by equation (E.306)

The transfer function relating the weighted acceleration to the acceleration is defined by ISO

[3,54].

ay(s) =W, (s)a(s) (E.32)

The discretized state space form of equation (E.33) is:

X, (74 1) = Ay, (7) + Byya(?)

. . (E.33)
Ay (Z) = C\kaa (Z)

where x; is the intermediate state vector. Since the initial states of the vector x;, are zero, and

the acceleration a is proportional to #, the stacked x;, vector can be rewritten as

X, =TywU (E.34)
whetre
By 0
A By By,
r\xq( - eee cee (E'35)
n—1 n—2
Ay, By Ay By o By
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The output a4y is related to the state vector as

ay, (1) = Cypex, (1)
dw(z) = C\‘kaa(z)

ay, (1) = Cyx, (1)

The stacked weighted acceleration vector can therefore be written in terms of X,

Ay =8 X,
whetre
C,. 0
Eype =
0 Cw/é

Combining equations (E.34) and (E.37) we get,

A, = Ewr\ka

w

The performance index can be reformulated in terms of the control inputs as:

J=x,'Qx +[®x, +TU+T W] Q[®x, +TU+T W]+
[EwilwiU]"W By Dy U]

Let us define

- |l 1 —
Wy =T By PEw Iy
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Using equations (E.40) and (E.41) we have

J(x,U)=x")[Q+®'Q®|x, +2IW'T, ' Qdx,
+2U'T'Q®x, +U'[I"' QI+ W, |U (E.42)
+W7'T,'QT W +2U'T' QT W/
To simplify, let us define

G=[r'er+w¥,,

F=2®'Qr’

F, =2T 'QT

There the performance index can be expressed in terms of the initial states xo, control sequence

U and preview sequence W as
J=05U"'GU+x',FU+W'F, U (E.43)

The optimization problem minimizes the performance index [ with respect to U subject to the

constraints defined by the equations (E.29) and (E.30)

The control input is initialized based on the current damping level Gy as:

ko || %(0)
U, = . (B.44)

it
x(n—1)

k

cprev
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Appendix F

Derivation of the RLS Estimator

A recursive least square estimator was developed to estimate the seat mass and spring stiffness.
The estimation is an offline process. The following model was used for estimating the mass

and the stiffness:

_cs“%re/ = ws%x +k1‘{7’€/ > (F1)

Equation (F.1) can be written as,
—F, =39, F.2)

where F; is the damping force found from the prescribed damping value and calculated

damper velocity. The vector @ is defined as

e=[5(1) )] - (F.3)
The parameter vector, 6 is defined as
£ (F.4)
For each time step of the estimator, the RLS algorithm can be written as

K@ =P(— D)0+ P —1)D] | (F.5)
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6y =0(r—1)+Ko)|-F, — () 0(r—1)| , (F.6)

I—K@®®(2)"
A

P(¢)=

P(r-1), (F.7)

where 6 is the estimated parameter vector, K(#) is the gain vector, P(#) is the covariance mattix
and A is the forgetting factor normally defined in the range [0.9 1]. For estimating the seat

parameters the forgetting factor was set to 0.99. The RLS algorithm was initialized as

o()_|10000 0 ] e
O="0 " 10000 "> E8
g(0)=[0 o] . (F.9)
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Appendix G

Model Validation TruckSim and Matlab Parameters

The developed 15 d.o.f model was validated against a commercially available truck dynamics
simulator, TruckSim. TruckSim models the tractor sprung mass as a lumped mass. The version
of TruckSim available for this research did not have the capability to add cab suspensions or

include frame torsion.

Test Specifications Run Control: Built-In Solvers Results (Post Processing)
i Vahicle configuration: _S5 + 55 "i Run Math Model  |[boels 7] Animate ™ Setrun oolor
WT3d 3A+24 It
[ Left Sids Yiew, Ysh Pt I~
[ Procadurs A W \Airite all available outputs
Singls Burmp 60 mph = Plot Show more plots: § »
| d 2 2 ' | [V Show onlythese plots
[v Show more options on this screen | Drivor Soatvert |'i
Miscellaneous Data
| Roadpwind/misc. vl | Driver Seat |Vi
v Crverride time step
Time step (sec)  Freq. (Hz) | Pitch — Sprung Masses |'i
| Road/wind/misc. vl Math deEI-I 0.002 I 500 | Sprung-mass CG Origin Heights |V{
Qutput file: 0m 100 =
- A
[~ Owerride time and distance settings | Ez_AcfulevericalLoads | i
| Roadpwind/misc. 'l | #Axle Z Positions Iv{
| Spring Compression Ivi
[V Dnvertide driver controls | \x—Longitudinal Speed Ivl
Speed control is not specified hd
| I [~ Adwanced settings [~ Overlay animations and plots with ather runs
| Braking: VI
| Shifting control: VI
| Steering 'l
VT34 34+ 24 View Outputs from math model (text) ¥
{ Tractor Trailers }

Figure G.1: TruckSim Main Screen
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Driver Controls

Start and Stop Conditions Plot Definitions

| Constant target speed

~J96.5606 km/h

Stop run at specified time A

| {Mo dataset selectad} |V|
Start | T\mz(sec) ‘ Road Z;ﬁ;‘m () | {MNo dataset selectsd} |v|
art: 1
[ Braking: Brake contral | Stap: ’T Road forward - | {No dataset selected} |V|
| o Braking |v*

[~ Specify initialization datails? | {No dataset selected} |V|
| Shifting control: Open-loop shift contraol "‘ | Mo dataset selacted) |v|
| Constant (@ 18th Gear |V*

| {No dataset selected} |V|

| Steering Driverpath follower "‘ Additional Data | Mo dataset selected) |v|
[ 165 m1o the Right [~

‘ Misc: v| | {MNo dataset selected} |v|

Additional Data | {MNo dataset selected} |V|

| Misc. 30 road v‘ | | {MNo dataset selected} |v|

| QnsBunp ool |v* | {MNo dataset selected} |V|

| Misc: v* j f | {Mo dataset selected} |V|

‘ Wise: v| | {Mo dataset selected} |V|

| Misc: v* | {MNo dataset selectsd} |v|

= | {Mo dataset selectad} |V|

| Misc.: v* | INo dataset selectsd) |V|

E ] f | {MNo dataset selected} |V|
| hisc.: v* ‘ Misc: v| | {No dataset selected} |v|

I -

%inc‘ré?ngmg\ Glenation (m)
0.01-

{Mo dataset selected}

Figure G.2: TruckSim Procedure Screen

Top row: lateral coordinates in ascending order (m);
= Axis:

-0.02-
-0.04-
-0.06~
-0.08-
=010~
-012+
<014~
016~
018~
-0.20-
-0.22-
-0.24-
-0.26-
-0.28-
-0.30-
-032-
-0.34
036~
036~
-0.40

0.0.-10,-4.2,-35 35 4210 il

1015,-0.4 04 0.0065450865, 0.006545085,

10.2,-0.4,-0.4, 0.008045085, 0.009045085, -0.4,-0.-
10.25,-0.4.-0.4, 0.01, 0.01,-0.4,-0.4

10.3,-0.4,-0.4, 0.008045085, 0.009045085, -0.4, -0.-
10.35,-0.4,-0.4, 0.006545085, 0.006545085,
10.4,-0.4,-0.4, 0.003454915, 0.003454915, -0.4, -0
1045, -0.4.-0.4, 0.000554915, 0.000954915, 0.4, -0
105,-04,-04,0,0,-0.4,-0.4
30,-0.4,-0.4.0.0,-0.4,-0.4

T
=270

Incremental elevation (m) as specified in this dataset can be transformed using additional parameters.
For details. search an echo file for "ROAD_DZ".

T T T T T T T T
-240 -220 -200 -180 -160 -140 -120 -100

T T T T i
-80  -60  -40 20 1] 20 30

Station (m)

{ o

| Excel | Wiew 30 Map |

Figure G.3: TruckSim Road Definition
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Simulated motion sensors each produce nine output variables related to a .
pointin the sprung mass of a motar vehicle or trailer. — ‘

The outputvariahbles are ¥, ¥, and Z accelerations (with the effect of grawity,
as with real accelerameters); X . and Z companents of wvelocity, and X, v,
and Z compaonents of angular velocity.

You can also specify plot setups to automatically generate plots of the
sensor variables when linked ta this dataset

Example sensor

Motion sensor locations (sprung-mass coordinates) and axes

* N z X
1] 2100 mm
mm Specify plot setugs: 0 ¥

mmm

mm

mmm

mmm

Motion sensor orientations (relative to sprung-mass axes)

Raoll Pitch e

1 0 o 1} deg

H deg

3 deg

4 deg

5 deg Misc. |V'

3 deg

Figure G.4: Driver Seat Sensor Location
- Dist back hd Height Hitch

| Sprung mass: Rigid Sprung Mass \Vl [~ 3x1 imaga scals [ 5110 0 1100 mm et
| VT34 I~ — .

Hitch |V'
| Asrodynamics ‘vl 5th Whesl (Typical) |v'
| Mo Asrodynamics ‘V'
| Animatar shape(s): Wehicle Shape \Vl
| 34 Sleeper VT34 I~
| Tires: 3atire group \Vl
I Michelin X tyres ‘V|
| Steering wheel torque \VI Fowertrain ‘ bxd, axles 283 \VI Tandem for exles 283 %
I 1/26 (Typical) "' | 330 kW, 18 spd. MT. 44D |v| Static load for rear exde of tandem 0.25

Dynarnic load transfer coeflicient: 0 =
Load transter due to brake torgque 0 1/m
Axle 1 X distance back: 0 mm  Axle 2 X distance hack 4650 mm  Axle 3 X distance back 5870 mm
Suspension type: Solid axe (full K & C) |Vi Suspension type: Solid axe (full K& C) [+ Suspension kype: Solid sxde (full K& C) |+
Susp Km-l Steer Kin i 15t Drive l" | 2nd Drive |V'
Cump:l Steer Comp 'V' I 15t Drive Comp. l" | 2nd Drive Comp. |V'
Brakes.l Mo Erakes 'V' I INo Brakes "' | Mo Brakes |V'
Staermg.l Laong (B m) Wheelhase ‘V' | Mo Steering 'V' | Mo Steering |V'
M\sc..l Misc |V' | Misc |" ‘ Misi: |V'

Figure G.5: Tractor Main Screen
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Height (for animator):

3200 Az

Wichth (far animatar): 2438 [~ Frame Torsional Flexibility and Suspended Cab

Check this box to use optional. more detailed math models
The optional models include the effects of torsional
flexibility of the chassis (frame) of the lead unitand all

Lateral coordinate of ;
trailers, and & further option to define & suspended cah.

mass center

I

I 0 The extended models require a separate license feature

Mass center of unladen
Sprung Mass

&

Origin of sprung mass coordinate system

All dimensions and coordinates are in millimeters

The inetial properties are for the sprung mass inthe design configuration, with

no additional loading

Sprung mass 73907 kg [~ Editradii of gyration

Ruall inertia (xx): 6879 kirm2 R 0.965 m
Pitch inettia () 51449 kg-m2 Ry 2638 m
e ineria (1zz). 19665 kg-m2 Rz 1631 m
Product () 0 kg-m2
— Inertia and radius of gyration are
Product (ixz) 130 kgrmz related by the equation: | = MRR
Product (hyz) 0 kirm2
Figure G.6: Tractor Sprung Mass Definition
Geometry Mass and Inertia Spin inertia for sach side:

?Wheg\__cemerhei ht (mm}:

i Unsprung mass 635 kg Lett: 10 kg-m2
Right: 10 kigrm2

Axle roll & yaw inertia; 335 kg-m2

2030 —:|>
Kinematics Based on Jounce [ Axle dive: Dive table

o = -]
CG
Specify jounce at design load hd | hoCastenChonos |'|
Coooososopseso T_ Left Right ‘ Axle X movement: Longitudinal Mowverment v|
Sprung mass origin I 1 I 0 r— | Mo movernent (R = 0) l'l
480

Jounce for & solid xle is defined atthe [ Axle ¥ mavement - jounce: Lateral Movement ||
Lateral coordinate of axla center: 0 midpaint of a line between the wheel centers | Wi s o |v|

The value of jounce passed to the kinematic

Dimensions are in millimeters tahles is the average of leftwheel and right

wheel jounce. ‘ Axle ' movement - roll: Lateral Mowvemnent '|
W Use linear rall steer coefiicient | Fioll Center. 53 mm Below Axle |V|

1} deq/deg

Mote:
No roll center location is specified Wheel Toe and Camber )
hecauss the location and movement of Left Right . Top View

the roll center are implied by the

kinematic data.

+Toe
Tne'l o 1} deg
Camber.l 1} a deg

Frant End igw:
+ Camber

Animator: Shape File

~|

Steer Axle

I

Figure G.7: Steer Axle Kinematics
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Springs

Compliance Coefficients

Internal springs only . 1 Right
| Left: Spring Alone V‘ ‘ Right: Spring Alone "| Toews Fx: 0 0 deg/MN
| 270 Mfmrm, Mo friction |Y‘ | 270 Nfmm. Mo friction |"| Steervs Fy. ’f# deg/M
et Right Steer ws Mz 0 0 degf(M-m)
Upper spring seat height adjuslment'| o ‘ 0 mm Camber ws Fx 0 0 deg/M
Inclination vs Fy: 0 0 deg/M
Inclination ws Mz: 0 0 degf(M-m)

Shock Absorbers (Dampers)

| Left shock absorber: Shock absorber V‘

‘ Right shock absorber. Shock absorber "|

| Linear; 6.65 M.sfmm |Y‘

| Linear, .65 M.sfmm

Jounce { Rebound Stops

| Leftjounce / rebound stops "‘

‘ Right jounce / rebound stops: "|

[ Strake: +250, -250

[ Stroke: +250, 250

Mechanical ratins: component
COmpression f suspension jounce
ft Right

Le
Spring: 1
Dampera‘ 1 ‘ 1
Jounce stops 1 1
Rebound stops 1 1

Auxiliary Roll Moment

| Foll moment: Aux. Foll Moment "‘
Mo Auxiliary Roll Moment |V

Lateral spacing between left and right

Springs 1800 mmm
Dampers 1800 mm
Jounce stops 1800 mm
Rebound stops 1800 mrn

Auxiliary roll damping 0 M- sec/deg

Axle longitudinal ws Fx 0 mm/M
Axle lateral ws Fy ’f [l
Front End “iew

+ Camber Top Wiew
+Toe

When measuring suspension compliance effects,
measurements should be made with identical Fx
inputs on the |eft and right wheels (parallel)
Measurements are typically made with Fy and Mz
on the two sides opposed

Forthe right-side wheel, toe = steer and camber =
inclination. For the left side. toe = -steer and camber
= -inclination

Figure G.8: Steer Axle Kinematics

Geometry
Wheel center height (mm)
450
1863
CGq,./
Sprung mass origin T T_

480
Lateral coordinate of axle center; 0

Dimensions are in millimeters

W Use linear rall steer coefficient

1} deg/deg

MNote

Mo roll center location is specified
hecause the location and movement of
the roll center are implied by the
kinematic data.

| Anirmator: Shape File v‘
I Rear Drive Axle

Mass and Inertia

Unsprung mass: 938 kg

Spin ineria for each sids:
Left; 50 kg-m2

Right 50 kg-m2

Axle roll & yaw inertia; 308 kg-m2

Kinematics Based on Jounce

Specify jounce at design load hd
Lett Right
‘ 0 ‘ 0 mm

Jounce for & solid axle is defined atthe
miclpoint of a line between the wheel centers.
The walue of jounce passed ta the kinematic
tables is the average of left wheel and right
wheel jounce

Wheel Toe and Camber
Left Right
Toe: 0 o deg
Carnber: 0 1] deg

Axle dive; Dive table Vl

| Mo Caster Change

Axle X rovement Longitudinal Movement Vl

| No movement (R = 0) |V

‘ Axle v movement - jounce: Lateral Movement Vl

Mo movernent {V

Ade Y movernent - rall: Lateral Moverment Vl

| Faoll Center: 195 mm Above Axle {V|

Top View
+Toe

Front End View:
+ Camber

Figure G.9: 1st Drive Axle Kinematics
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Springs

Internal springs only hd
| Left: Spring Alone V‘ Right: Spring Alone V|
| 337.6 Nmm, No frictian [~

Compliance Coefficients
Lett Right
0

0 deg/M

Toe wvs Fx:

337.5 M{mm, Ma friction |'| Steervs Py 0 0 deg/MN

Upper spring seat height adjustment.|

Shock Absorbers (Dampers)

Steer ws Mz 0 0 degf(M-m)

Left Right
0 [ 0 mmm Camber vs Fx 0 0 deg/M
Inclination ve Fy: 0 0 deg/M
Inclination ws Mz 0 0 deg/(N-m)

| Lett shock absorber: Shock absorber V‘ Right shock absorber: Shock absorher V|
| Linesar, 1375 kit-s/m [~ Linear, 13.75 Ki-s/m I~
Jounce / Rebound Stops

| Leftjounce { rebound stops: "‘ Right jounce / rebound stops: Vl
I Stroke: +250, 250 [~ Stroke: 250, 250 I+

Mechanical ratios: component
compression / suspension jounce
Letft Right

!

Dampera‘ 1 ‘ 1

Jounce stops 1 1
Rebound stops ’17’17

Auxiliary Roll Moment

“Springs

| Foll moment: Aux. Roll Moment "‘
Mo Auxiliary Roll Moment |V

Lateral spacing between left and right

Springs 1600 il
Dampers 1600 mm
Jounce stops 1000 mm
Rebound stops 'T iyl

Auxiliary roll damping 0 MN-m sec/deqg

Axle longitudinal ws Fx 0 mm/M
Axle lateral ws Fy # [l
Front End ‘iew

+ Camber Top VWiew
+Toe

When measuring suspension compliance effects,
measurements should be made with identical Fx
inputs on the |eft and right wheels (parallel)
Measurements are typically made with Fy and bz
on the two sides opposed

Far the tight-side wheel, toe = steer and camber =
inclination. For the left side. toe = -steer and camber
= -inclination

Figure G.10: 1st Drive Compliance

Geometry

Sprung mass origin T f
480
Lateral coordinate of axle center: ]

Dirnensions are in millimeters

W Use linear roll steer coefficient
1] deg/deg

Note:

Mo roll center location is specified
hecause the location and movement of
the roll center are implied by the
kinematic data.

| Animator: Shape Fils "
| Rear Drive Axle |V*

Mass and Inertia

Unsprung mass: 857 kg

Spin ineria for each side:
Left 50 kg-m2

Right 50 kg-m2

Axle roll & yaw inettia; 305 kg-m2

Kinematics Based on Jounce [ Axde dive: Dive tahle v
Specify jounce at design load | | Na Caster Change {v'

Left Right ‘ Axle X mowvement: Longitudinal Movement Vl

‘ 0 ‘ 0 fr— Mo movement (R = 0) hil

Jounce for a solid axle is defined at the ‘

Axle Y movement - jounce: Lateral Movement V'

midpoint of & line between the wheel centers |

Mo maowvement {V

The walue of jounce passed ta the kinematic
tables is the awverage of left wheel and right

whegel jounce: ‘

Axle v movement - roll: Lateral Movement Vl

Faoll Center: 195 rmm Above Axle |V|

Wheel Toe and Camber
Left Right
Toe: 1} 1} deg
Camber: o o deg

Top WView

+Toe

Frant End View:
+ Camhber

Figure G.11: 2nd Drive Axle Kinematics
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Sori
i Compliance Coefficients
Internal springs only v

Lett Right
| Left: Spring Alone V| ‘ Right: Spring Alone V{ Toews Fx 0 0 deg/M
| 315 M/mrm, Mo friction |V| | 318 N/mm. Mo friction l'{ Steervs Py 0 0 deg/MN
Lt Right Steerws Mz 0 0 deg/(MN-m)
Upper spring seat height adjuslment.l o | 0 mm Camber wvs Fx; 0 0 deg/M
Inclination ve Fy: 0 0 deg/M
Inclination ws Mz 0 0 deg/(N-m)
Shock Absorbers (Dampers)
| Left shock absorber: Shock absarber V| ‘ Right shock absorber Shock absorber V{ PPN " 3 —
- & longitudinal vs xl—
- - - \i
[ Linesr, 1375 kit-s/m [~ | Linear. 13.75 Ki-s/m I~ o oteral v By [T e
Jounce / Rebound Stops
| Leftjounce { rebound stops: V| ‘ Right jounce { rebound stops: V|
[ Stroke: +250, 250 [~ | Stroke: +250, 250 I+ FrontEnd View
+ Camber Top VWiew
—
Mechanical ratios: component Lateral spacing between left and right +Tos
compression f suspension jounce
Lett Right -
Springs: 1 Springs 1600 mmm When measuring suspension compliance effects.
[ 100 measurements should be made with identical Fx
Dampers ! ! Dampers &mm inputs on the left and right wheels (parallel)
Jounce stops 1 1 Jounce stops 1600 (0 Measuremeants are typically made with Fy and Mz
Febound stops 1 1 Rebound staps 1600 mm onthe two sides opposed
Auxiliary Roll Moment For the tight-side wheel, toe = steer and camber =
inclination. For the left side. toe = -steer and camber
| Faoll moment Aux Faoll Moment v| Auxiliary roll damping 0 N-m sec/deg = -inclination:
Mo Auxiliary Roll Moment IV
Figure G.12: 2nd Drive Axle Compliance
| Sprung mass (trailer) V| ™ 31 image
[ 24 Flatbed Trailer JR: [~ scale
| Agrodynamics V|
| Mo Aerodynamics |V|
| Animator shape(s): Wehicle Shape V|
[ 24 Flaibed JR [~
| Tires: 2atire group VI
| Michelin X Tires |V|

[ Ma dally ~|

Tandem [~ Hitch

Fraction of tandem static load caried by rear axle springs:

Fraction of spring load transferred to other axle (0- 0.5): 1] =

Load transfer forward per unit of combined brake torque: o 1fm

Aode 1 x distance back: B185 mm  Axle 2 # distance back: 7555 mm
Suspension tyge: Solid axle (full K & C) V] Suspension ype: Solid axle full K& C) V]

Susp Kin | Trailer Kin, h Trailer Kin. IV
Comp | Trailer Comp. 'Vl | Trailer Comp. lvl
Brakes | Mo Brakes 'Vl | Mo Brakes |V|
Misc. ‘ hisc: Vl | Misc: Vl

Figure G.13: Semi-Trailer Main Screen
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~N

The inerial properties are for the sprung mass in the design configuration, with

no addiional loading

Sprung mass: 10800 kg

F
Width (for anirmator): 2438
5725
L Mass center of unladen
Anflmatmn sprung mass

Teferance Lateral coordinate —

height of mass center: 0

——
— | 1000
Hitch
1100
x4
Qrigin of trailer sprung mass coardinate system

All dimensions and coordinates are in millimeters

Parameters describing chassis tarsional flexibility are
ignored unless the Frame Torsional Flexibility box is
checked farthe lead unit sprung mass

[~ Editradii of gyration
Distance between points used to measure stiffness:

Faoll inertia {lxx): 9959.7 kg-m2 Fox: 0.960 m Lnng\ludlnal'l 12500 mim

Fitch inertia (lya): 200000 kg-m2 Ry 4.303 m Lateral: 1000 mm

e R S g R WED m # coordinate of torsional node: 12000 mm
IFmEME3s) ; e Inettia and racius of gyration are Stiffness about longitudinal axis: 2500 Mrnfdeg
il - v g2 related by the equation: | = MRR Damping about longitudinal axis: 250 Nrn/degfsec
Product (lyz): o kg-m2

Figure G.14: Semi-Trailer Sprung Mass Definition
Geometry Mass and Inertia Spin inertia for each side:

Unsprung mass 1007 kg

Axle roll & yaw inertia; B0

kg-m2

Lett: 20 kigrm2

Right: 20 kg-m2

Kinematics Based on Jounce [

Axle dive: Dive tahle

Specity jounce at design load hd |

Mo Caster Change

~]
-]

W Use linear roll steer coefficient |

Right ‘

Axle X movement: Longitudinal Mowvement Vl

mm

Mo movement (R = 0) |V|

_______________ Left
Sprung mass ofigin T_ I 7 I 0
480

‘ Axle Y mowvement - jounce: Lateral Movement V|

Jounce for & solid axle is defined atthe
Lateral coordinate of axle center: 0
The value of jounce passed to the kinematic

Mo maovement |V

midpoint of a line between the wheel centers
Dirensions are in millimeters

tables is the average of leftwhesl and right

wheel jounce ‘

Axle v movement - roll: Lateral Mowement V|

Faoll Center: 195 mm Above Axle l'{

a deg/deg

Mote:

Mo roll center location is specified
hecause the location and movement of
the roll center are implied by the
kinematic data.

Wheel Toe and Camber
Left Right
TUE.I 1} a deg
Camber'l o 1} deg

Animator: Shape Fils V|

Straight Axle 'Vl

Top View

+Toe

Front End View:
+ Camber

Figure G.15: Trailer Axle Kinematics
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Springs

Compliance Coefficients

Internal springs onl hd
£ 2 Lett Right
| Left: Spring Alone V‘ ‘ Right: Spring Alone "| Toews Fx: 0 0 deg/MN
| 1382 MNfmm, Mo friction |Y‘ | 1382 MNfmm. Mo friction |"| Steervs Fy. 0 0 deg/M
et Right Steer ws Mz 0 0 degf(M-m)
Upper spring seat height adjuslment'| o ‘ 0 mm Camber ws Fx 0 0 deg/M
Inclination vs Fy: 0 0 deg/M
Inclination ws Mz: 0 0 degf(M-m)
Shock Absorbers (Dampers)
| Left shock absorber: Shock absorber V‘ ‘ Right shock absaorber: Shock absorber "| Axle longitudingl vs F 5 —
- » - & longitudinal ws Fx
[ Linecr, 41 85 Ki-s/m [~ | Linecr. 4165 ki-s/m I+ e
Jounce { Rebound Stops
| Leftjounce / rebound stops "‘ ‘ Right jounce / rebound stops: "|
[ Stroke: +250, 250 [~ | Stroke: +250, 250 I~ FrontEnd View

Mechanical ratins: component
COmpression f suspension jounce
ft

Spring:

Le
|

Lateral spacing between left and right

Right

Dampera‘ 1

[ 1
Jounce stops 1 1
Rebound stops 1 1

Auxiliary Roll Moment

| Foll moment: Aux. Foll Moment "‘

Mo Auxiliary Roll Moment |V

“ehicle Front ‘

Springs 1863 mmm
Dampers 1863 mm
Jounce stops 1863 mm
Rebound stops 1863 mrn

Auxiliary roll damping 0 M- sec/deg

+ Camber Top Wiew
+Toe

When measuring suspension compliance effects,
measurements should be made with identical Fx
inputs on the |eft and right wheels (parallel)
Measurements are typically made with Fy and Mz
on the two sides opposed

Forthe right-side wheel, toe = steer and camber =
inclination. For the left side. toe = -steer and camber
= -inclination

Figure G.16: Trailer Axle Compliance

,71 v coordinate of payload center of gravity (positive

© walue is left of vehicle centerling)

Mass center af
this load

2290 — @
1000

l

A peyload is & body with mass and inertia that is
rigidly eftached to a wvehicle sprung mass. Use itto
representvehicle options (such as air conditioning).
passengers. cargo, and other things that add
weightto the sgrung mass.

A customn payload can also be given negative
mass or rotational inertias.

¥ coordinate of arigin

Origin of the sprung mass coordinate system

Atthe front axle for motor vehicle,

Atthe hitch for trailers

All dimensions and coordinates are in millimeters

Mass of this load: 11367 kg

Rallinertia (x): 0 kg-m2
Fitch inertia (lyy/): 0 kg-m2
“raw inertia (lzz): 0 kg-m2

Product (bay): 0 kg-m2
Product {|xz): 0 kg-m2

[ Editradii of gyration
Fix: 0.000 m

Ry 0.000 m
Rz: 0.000 m

Inertia and radius of gyration are
related by the equation: | = MR*R

Product (hz): # kg-rm2

Shape file:

{MNo dataset selected}

Figure G.17: Trailer Load Definition
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The cab and seat suspension values of the Matlab/Simulink model were increased as shown

in Table G.1 to ‘reduce’ the order of the model. Also the frame beaming mode natural

frequencies were increased so that the dynamic behavior of the tractor and the semi-trailer

frame was closer to that of a rigid body.

Table G.1: Modified Matlab/Simulink Suspension and Beaming Frequency Values

Symbol Description Generic Unit
k. Engine Mount Spring coefficient 1e9 N/m
G Engine Mount Damping coefficient 13300 N.s/m
3 Driver’s seat spring coefficient 250000000 N/m
G Driver’s seat damping coefficient 230976 N.s/m
£y Front Cab spring stiffness 1e9 N/m
Ror Rear Cab spring stiffness 1e9 N/m
Cy Front Cab damping 6430 N.s/m
Cr Rear Cab damping 6430 N.s/m

Tractor Frame Beaming Natural Frequency 150 Hz
Tractor Frame Beaming Natural Frequency 150 Hz

For the Matlab model the following equations were used to calculate the static axle loads

1. Summation of forces on the truck frame including unsprung mass

f@"‘fzz +fz3_fFW = (my - my - my +my A m Am,) g

2. Summation of moments about truck frame CG including unsprung mass

dzl _17]%2 _6#{3_]][1%17 :<awl _bMZ _dm.’) -I_(w_‘f)w; -I_wmf_bwe)g

3. Summation of forces on the trailer frame including unsprung mass

Jost Jea t Srw = (g, iy s +m,,,) g
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4. Summation of moments about trailer frame CG including unsprung mass
6’-]%4 +f-fzz — L fr = (emy + s +(/_/2)‘mload)g G4

5. 1st axle suspension spring in terms of tractor frame heave and pitch

£
[1 +,é_1] le — ki3, +akl, =mg (G.5)
t1

6. 2nd axle suspension spring in terms of tractor frame heave and pitch

£
[1 +,é_2] sz — ko3, — RO, = mp g (G.0)
t2

7. 3rd axle suspension spring in terms of tractor frame heave and pitch

1+
’étf’)

fz3 — k33, +aks0, = msg (G.7)

8. Fifth wheel axle suspension spring in terms of frame heave and pitch and trailer

heave and pitch
Sew T &z, + ROy — Ry — ey 0y, =0 (G.8)

9. 4th axle suspension spring in terms of trailer frame heave and pitch

IS
[1 + /é_4] f{4 - ’é4ztlr - e’é49tlr =748 (G9)
t4

10. 5th axle suspension spring in terms of trailer frame heave and pitch

k
[1 +,é_5] fzS — ks3e — JRsOu, = 758 (G.10)
t5
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There are 10 unknowns; 4 d.o.f. for the tractor and trailer frame, the 5 axle loads and the
fifth wheel load. Since we have 10 equations we can solve the simultaneous equations

deterministically.

201



BIBLIOGRAPHY

[1] Federal Motor Catrier Safety Administration, "Report to Congress on the Large Truck
Crash Causation Study," MC-R/MC-RIA, 2005.

[2] International Organization for Standardization, "Guide for the evaluation of human
exposure to whole-body vibration." ISO 2631-1974(E), 1974.

[3] International Organization for Standardization, "Mechanical vibration and shock-
Evaluation of human exposure to whole-body vibration-Part 1: General requirements," ISO
2631: 1997, 1997.

[4] Paddan G.S. and Griffin M.]., "Evaluation of Whole-Body Vibration in Vehicles," J.Sound
Vibrat. 253(1):195-213, 2002, doi:http://dx.doi.org/10.1006/jsvi.2001.4256.

[5] Paddan G.S. and Griffin M.]., "Effect of Seating on Exposures to Whole-Body Vibration
in Vehicles," J.Sound Vibrat. 253(1):215-241, 2002,
doi:http://dx.doi.org/10.1006/jsvi.2001.4257.

[6] Foster, A.W., "A Heavy Truck Cab Suspension for Improved Ride," SAE Technical Paper,
1978, doi:10.4271/780408.

[7] Flower, W., "Analytical and Subjective Ride Quality Comparison of Front and Rear Cab
Isolation Systems on a COE Tractot," SAE Technical Paper, 1978, doi:10.4271/780411.

[8] Gross, A. and Van Wynsberghe, R., "Development of a 4-point-Air Cab Suspension
System for Conventional Heavy Trucks," SAE Technical Paper, 2001, d0i:10.4271/2001-01-
2708.

[9] Field, R.V., Hurtado, ].E., Catne, T., and Dohrmann, C.R., "Structural dynamics
modeling and testing of the department of energy tractor/trailer combination,":1994-2000,

1997.

[10] Field, R.V.]., Hurtado, J.E., and Carne, T.G., "Analytical and experimental assessment
of heavy truck ride," 76#h International Modal Analysis Conference, 1998.

[11] Jain, P., "Design and Analysis of a Tractor-Trailer Cabin Suspension,", 2007,
doi:10.4271/2007-26-047.

[12] Rajan, V. and Deshmukh, C., "Cab Suspension Optimization Using Matlab,", 2013,
doi:10.4271/2013-26-0147.

202



[13] Ksigzek M.A. and luczko J., "Optimal vibration isolation of a tractor—semi-trailer
system," 17eh.Syst. Dyn. 45(3):277-289, 2007, doi:10.1080/00423110601140318.

[14] Gillespie T.D., "Heavy truck ride,", 1985.

[15] Margolis, D. and Edeal, D., "Modeling and Control of Large Flexible Frame Vehicles
Using Bond Graphs," SAE Technical Paper, 1989, doi:10.4271/892488.

[16] Cao, C., "Approaches to Reduce Truck Beaming," SAE Technical Paper, 2005,
doi:10.4271/2005-01-0829.

[17] Ibrahim I.M., Crolla D.A., and Barton D.C., "Effect of frame flexibility on the ride
vibration of trucks," Comput.Struct. 58(4):709-713, 1996,
doi:http://dx.doi.org/10.1016/0045-7949(95)00198-P.

[18] Vaduri S.S.V., "Development of a simulation for preliminary assessment of ride quality
of tractor semi-trailers,", Clemson University, 1994.

[19] Law, E.H., Janajreh, 1., and Frey, N., "Vehicle Ride Response to New Widebase Tires
and Conventional Dual Tires," SAE Technical Paper, 2002, doi:10.4271/2002-01-3114.

[20] Trangsrud C., "Tractor Semi-Trailer Ride Quality Model Development and Simulation
Considering the Effects of Frame Beaming and Suspension Friction," M.S., Dept. of
Mechanical Engineering, Clemson University, 2004.

[21] Spivey C.R., "Analysis of ride quality of tractor semi-trailers," M.S., Dept. of Mechanical
Engineering, Clemson University, 2007.

[22] Jiang Z., Streit D.A., and El-Gindy M., "Heavy vehicle ride comfort: literature survey,"
International Jonrnal of Heavy 1 ehicle Systems 8(3):258-284, 2001.

[23] Patricio P.S., "Effects of frame design and cab suspension on the ride quality of heavy
trucks," M.S., Virginia Polytechnic Institute and State University, 2002.

[24] Anderson J., "Development of a Dynamic Vibration Absorber to Reduce Frame
Beaming," SAE Int. |. Commer. 17¢h.(2014-01-2315), 2014, doi:10.427.

[25] Lotd Cortp, "MR Seat Suspension,” http://www.lord.com/products-and-
solutions/active-vibration-control/industrial-suspension-systems/seat-suspensions, 5/28

2015.

[26] Bose Corporation, "Bise Ride Seat Suspension," http://www.boseride.com/, 01/15
2015.

203



[27] Bender E., "Optimum linear preview control with application to vehicle suspension,"
Journal of Fluids Engineering 90(2):213-221, 1968.

[28] Karnopp D., Crosby M.]., and Harwood R.A., "Vibration Control Using Semi-Active
Force Generators," Journal of Engineering for Industry 96(2):619-626, 1974,
doi:10.1115/1.3438373.

[29] Alanoly J. and Sankar S., "A new concept in semi-active vibration isolation," Journal of
Mechanical Design 109(2):242-247, 1987.

[30] Jolly M.R. and Miller L.R., "The control of semi-active dampers using relative feedback
signals," SAE Technical Paper, 1989, doi:892483.

[31] Margolis D.L., "Semi-Active Heave and Pitch Control for Ground Vehicles,"
Veh.Syst. Dyn. 11(1):31-42, 1982.

[32] Song X., "Design of adaptive vibration control systems with application of magneto-
rheological dampers," PhD, Virginia Polytechnic Institute and State University, 1999.

[33] EIMadany M., "Design and optimization of truck suspensions using covariance
analysis," Comput.Struct. 28(2):241-2406, 1988.

[34] EIMadany M., "An analytical investigation of isolation systems for cab ride,"
Comput.Struct. 27(5):679-688, 1987.

[35] Elmadany M., "Nonlinear ride analysis of heavy trucks," Comput.Struct. 25(1):69-82, 1987.

[36] EIMadany M., "Design of an active suspension for a heavy duty truck using optimal
control theory," Comput.Struct. 31(3):385-393, 1989.

[37] Moline, D., "Modeling, Simulation and analysis of a Semi-Active cab suspension system
for highway tractor semi-trailer," Clemzson University, Dept. of Mechanical Engineering TR-94-141-
ME-MMS, 199%4.

van lersel S. assive and semi-active truck cabin suspension systems for drive
38 Tersel S., "Passi d semi-active truck cabi ion systems for driver
comfort improvement,".

[39] Marcu F.M., "Semiactive Cab Suspension Control for Semitruck Applications," Ph.D.,
Virginia Polytechnic Institute and State University, United States -- Virginia, 2009.

[40] Kok J.J., Van Heck J.G.A.M., Huisman R.G.M., Muijderman J.H.E.A., et al., "Active

and semi-active control of suspension systems for commercial vehicles based on preview,"
American Control Conference 5:2992-2996, 1997, doi:10.1109/ACC.1997.612006.

204



[41] Leluzzi M., Turco P., and Montiglio M., "Development of a heavy truck semi-active
suspension control," Control Eng.Pract. 14(3):305-312, 2000,
doi:http://dx.doi.org/10.1016/j.conengprac.2005.03.019.

[42] Canale M., Milanese M., and Novara C., "Semi-Active Suspension Control Using “Fast”
Model-Predictive Techniques," IEEE Trans.Control Syst. Technol. 14(6), 2006.

[43] Cseko L.H., Kvasnica M., and Lantos B., "Explicit MPC-Based RBF Neural Network
Controller Design With Discrete-Time Actual Kalman Filter for Semiactive Suspension,".

[44] Eslaminasab N., "Development of a semi-active intelligent suspension system for heavy
vehicles," PhD, University of Waterloo, 2008.

[45] Giliomee C.L. and Els P.S., "Semi-active hydropneumatic spring and damper system,"
J-Terramech. 35(2):109-117, 1998, doi:http://dx.doi.org/10.1016/S0022-4898(98)00016-0.

[46] Deprez K., Maertens K., and Ramon H., "Comfort improvement by passive and semi-
active hydropneumatic suspension using global optimization technique," American Control

Conference, 2002. Proceedings of the 2002, 2002, doi:10.1109/ACC.2002.1023233.

[47] British Standards Institution, "Guide to measurement and evaluation of human
exposure to whole-body mechanical vibration and repeated shock," BS 6841:1987, 1987.

[48] Rao S.S., "Mechanical Vibrations, 4/E," Pearson Education India, 2003.
[49] Meirovitch L. and Parker R., "Fundamentals of vibrations," -App/.Mech.Rev. 54:100, 2001.
[50] Wong J.Y., "Theory of ground vehicles," Wiley. com, 2001.

[51] Freightliner Trucks, "Revolution Truck Chassis Bottom," www.freightlinertrucks.com,
5/21 2015.

[52] Shen Y., Golnaraghi M.F., and Heppler G.R., "Semi-active vibration control schemes
for suspension systems using magnetorheological dampers," JI'C/ Journal of Vibration and
Control 12(1):3-24, 20006, doi:10.1177/1077546306059853.

[53] Ahmadian M. and Blanchard E., "Non-dimensionalised closed-form parametric analysis
of semi-active vehicle suspensions using a quarter-car model," 17eh.Sysz.Dyn. 49(1-3):219-35,
2011, doi:10.1080/00423114.2010.482671.

[54] International Organization for Standardization, "Human Response to Vibration -
Measuring instrumentation," ISO 8041:2005, 2005.

205



[55] Rimell A.N. and Mansfield N.J., "Design of digital filters for frequency weightings
required for risk assessments of workers exposed to vibration," Ind.Health 45(4):512-519,
2007.

[56] Ahmadian M., Song X., and Southward S.C., "No-jetk skyhook control methods for
semiactive suspensions,” Journal of vibration and acoustics 126(4):580-584, 2004.

[57] Song X., Ahmadian M., and Southward S., "Analysis and strategy for superharmonics
with semiactive suspension control systems," Journal of Dynamic Systems, Measurement, and
Control 129(6):795-803, 2007.

[58] Rakheja S. and Sankar S., "Vibration and Shock Isolation Performance of a Semi-Active
“On-Off” Dampet," Journal of 1 ibration, Acoustics Stress and Reliability in Design 107(4):398-403,
1985, doi:10.1115/1.3269279.

[59] Kirk D.E., "Optimal control theory: an introduction," Coutier Corporation, 2012.

[60] Astrém K.J.and Wittenmark B., "Adaptive control," Addison-Wesley series in electronic
engineering (Control engineering), 1989.

[61] Vahidi A., “Course Notes ME 893: Optimal Control”, Fall 2014.

[62] Law E.H., “Class Notes ME 453/653: Dynamic Performances of Vehicles”, Spring
2007.

206



	Clemson University
	TigerPrints
	8-2015

	Design of Cab Suspensions and Semi-Active Seat Damping Control Strategies for Tractor Semi-Trailers
	Judhajit Roy
	Recommended Citation


	Title Page
	Abstract
	Acknowledgements
	List of Figures
	List of Tables
	1. Introduction and Motivation
	1.1 Motivation
	1.2 Outline of the Thesis

	2. Literature Review
	2.1 Performance Metrics, Modeling and Ride Quality
	2.2 Semi-active Suspensions and Control Strategies

	3. Tractor Semi-Trailer Model and Validation
	3.1 Model Description
	3.2 Road Profile Generation
	3.3 Performance Metrics
	3.4 Model validation with TruckSim

	4. Cab Mount and Frame Flexibility Design Study
	4.1 Baseline Results
	4.2 Effect of Tractor Frame Beaming Frequencies
	4.3 Full Cab Suspension
	4.4 Effect of Cab Mount Location
	4.5. Summary

	5. Control Policies for Semi-Active Seat Dampers
	5.1 Optimal Policies for Seat Isolation
	5.2 Skyhook Law Controller
	5.3 Limitations of the Semi-Skyhook Policy
	5.4 Fuzzy Switch
	5.5 Estimation of the Seat Load and Suspension Stiffness
	5.6 Ride Comfort with Semi-Active Seat damper on Different Road Surfaces
	5.7 Semi-Active Seat Damper with Rear Cab Mounted at Optimum Position
	5.8 Semi-Active Seat Damper with Full Cab at Optimum Mount Positons
	5.9. Model Predictive Control with Excitation Preview
	5.10. Quadrant Law Control
	5.11. Conclusions: Semi-active Damper Control Strategies

	6. Summary and Conclusions
	APPENDICES
	A: Baseline Truck Data, Eigenvalues and Eigenvectors
	B: Equations of Motion
	C: Sample Calculation for Tractor Beaming Frequency
	D: Derivation of Optimal Policies for Seat Isolation
	E: Derivation of the MPC Controllers
	F: Derivation of the RLS Estimator
	G: Model Validation TruckSim and Matlab Parameters
	BIBLIOGRAPHY

