
Abstract

Diffusion absorption refrigeration (DAR) is a small-scale cooling technology that can be
driven purely by thermal energy without the need for electrical or mechanical inputs. In
this work, a detailed experimental evaluation was undertaken of a newly-proposed DAR
unit with a nominal cooling capacity of 100 W, aimed at solar-driven cooling applica-
tions in warm climates. Electrical cartridge heaters were used to provide the thermal
input which was varied in the range 150-700 W, resulting in heat source temperatures
of 175–215 ◦C measured at the generator. The cooling output during steady-state oper-
ation was determined from the power consumed by an electric heater used to maintain
constant air temperature in an insulated box constructed around the evaporator. Tests
were performed with the DAR system configured with the default manufacturer’s set-
tings (22 bar charge pressure and 30 % ammonia concentration). The measured cooling
output (to air) across the range of generator heat inputs was 24–108 W, while the coef-
ficient of performance (COP) range was 0.11–0.26. The maximum COP was obtained
at a generator heat input of 300 W. Results were compared to performance predictions
from a steady-state thermodynamic model of the DAR cycle, showing a reasonable
level of agreement at the nominal design point of system, but noteworthy deviations
at part-load/off-design conditions. Temperature measurements from the experimental
apparatus were used to evaluate assumptions used in the estimation of the model state
point parameters and examine their influence on the predicted system performance.

Keywords: Diffusion absorption refrigeration, absorption cooling, ammonia-water,
coefficient of performance, part-load operation

Preprint submitted to Applied Energy August 19, 2020

Experimental Investigation of an Ammonia-Water-Hydrogen

Diffusion Absorption Refrigerator

Ahmad Najjarana, James Freemana, Alba Ramosb, Christos N. Markidesa,∗

aDepartment of Chemical Engineering, Imperial College London,

London, SW7 2AZ, United Kingdom

,bUniversitat Politècnica de Catalunya
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Nomenclature

Variables

cp Specific heat capacity at constant pressure J/(kgK)

h Specific enthalpy J/(kg)

ṁ Mass flow rate kg/s

p pressure bar

Q̇ Heat transfer rate W

T Temperature ◦C

x Molar fraction of liquid solution [−]

y Ammonia mole fraction of vapour mixture [−]

Subscripts

abs Absorber

amb Ambient

cond Condenser

evap Evaporator

gen Generator

ig Inert gas

loss Thermal losses in the bubble pump

rect Rectifier

Abbreviations

COP Coefficient of performance

DAR Diffusion absorption refrigeration

GHX Gas heat exchanger

LHX Liquid solution heat exchanger

PIR Polyisocyanurate
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1. Introduction

Cooling represents almost 7 % of current global energy consumption, approxi-

mately half of which is in the residential sector [1]. Global population increase and

improved quality of life in emerging economies and warm climate regions will be likely

drivers for further global cooling demand [2]. The current global space cooling sector is

expected to double its capacity by 2025 due to the demand for electricity used for con-

ventional vapour-compression refrigeration and air conditioning systems, with Asian

countries becoming the dominant cooling energy consumers and western countries con-

tinuing to consume at their present rate. [3, 4]. Conventional refrigerants can cause

harm to the environment if released into the atmosphere due to their global warming

and ozone depletion potentials. Alternative cooling technologies are of interest in order

to mitigate the harmful emissions associated with conventional systems, and also to

achieve a reduction in primary energy use from fossil fuels [5, 6] through the utilisation

of renewable energy sources or heat wasted from a multitude of processes.

Cooling technologies can be categorised according to the type of input energy

(e.g. electrical or mechanical work, solar, geothermal or waste heat), or by the pro-

cesses associated with the thermodynamic cycle (e.g. vapour compression, adsorption

or absorption). Further categorisation can be made according to the cycle architec-

ture, working fluid or sorption media. Among thermally-driven technologies, absorp-

tion refrigeration is the most common category of system in the literature and on the

market, covering a wide range of cooling capacities and cycle configurations [7]. A key

characteristic of absorption systems is that the vapour-phase refrigerant leaving the

evaporator is returned to the liquid phase via absorption into a liquid solution with

a less volatile component (the absorbent). Thermal energy (often from renewable or

waste-heat sources) is supplied to separate the refrigerant from the absorbent by boil-

ing it out of solution. The pure refrigerant is then condensed before being supplied as

a liquid for the evaporation process [8–12].

Adsorption cooling systems differ from absorption systems in their use of a solid

sorption medium, onto the surface of which the refrigerant is adsorbed, releasing latent

heat in the process. Some of the most common adsorption solid-fluid couples are silica

gel-water, activated carbon-ammonia and activated carbon-methanol [13, 14]. Cooling

systems based on ejector cycles are also widely considered for use with renewable and

waste heat, as well as in combined power and cooling applications [15]. In a typical
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configuration, saturated vapour refrigerant is produced at high pressure in the generator

which passes through the primary nozzle of the ejector entraining secondary flow from

the evaporator and establishing the low-pressure condition for the low-temperature

evaporation process. Common limitations of ejector systems, as noted in Refs. [16–

19], arise from poor performance at off-design conditions, large heat-exchanger area

requirements and noisy operation in supersonic flow regimes.

The diffusion absorption refrigeration cycle (DAR) is a variant of the absorption

cycle which has distinct advantages for small-scale applications in off-grid areas [20].

The DAR is a “single pressure” cycle in which the fluid circulation is driven by a

thermally-powered bubble pump, thus any necessity for electrical or mechanical energy

input can be omitted. As well as the refrigerant-absorbent fluid pair (usually ammonia-

water), DAR systems also use a third fluid component: a low density inert gas such

as hydrogen or helium that aids evaporation of the refrigerant by lowering its partial

pressure in the evaporator. The DAR cycle was first devised by Von Platen and Munters

in the 1920s [21] in order to meet the requirement for a low-cost domestic unit, and

to address the problem of circulating the ammonia refrigerant without the need for a

mechanically-driven pump or compressor. Prior to this, early absorption systems had

used a liquid pump to raise the working fluid from the evaporation to the condensation

pressure. Historically, DAR systems have been used in small, compact applications such

as hotel minibar refrigerators, usually with a small electrical heater as the heat source.

In addition to the electricity-free operation, further advantages of the system are low

noise levels due to the absence of moving parts, low construction and maintenance costs,

and the ability to manufacture as a one-piece unit which results in long operational

lifetimes without the need for recharging [22–24]. However, DAR systems typically

have a low coefficient of performance (COP) in comparison with other absorption

cooling technologies; while the standard system requires heat source temperatures in

the range of 140–200 ◦C when ammonia-water-hydrogen is used as the working fluid

mixture [25–27]. This has led more recently to the consideration of alternative working

fluid mixtures for lower temperature heat sources [28].

Previous investigations into the ammonia-water-hydrogen DAR cycle have in-

cluded both experimental and numerical modelling efforts. Mazouz et al. [29] per-

formed an experimental analysis of a small capacity DAR unit (∼ 20 W cooling) over a

generator heat input range between 40–70 W. A COP between 0.07–0.12 was reported,

with optimal performance corresponding to a heat input temperature of 185 ◦C. Zo-
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har et al. developed a numerical model of a DAR cycle and used it to simulate the

performance of the system at various rich-solution concentrations of and to compare

hydrogen and helium as the auxiliary gas. An ammonia mass fraction of between 0.25–

0.3 was found to be optimal, while helium was found to offer an increase in COP of up

to 40 % compared to hydrogen. The predicted COP was between 0.13 and 0.31, with

the highest values predicted for higher evaporator temperatures. In a later work [30],

the same authors used their DAR model to assess common organic refrigerants (R22,

R32, R124, R125 and R134a) paired with the organic absorbent dimethylacetamide

(DMAC) as the working fluid mixture, and helium as the inert gas. The alternative

mixtures showed no advantages in terms of COP, and while some provided a slightly

lower optimum generator temperature, the required condensation temperature was also

lower, limiting their potential to operate in high ambient temperature conditions.

Other working fluid mixtures have also been investigated based on inorganic salt

absorbents. Acuna et al. [31] used a numerical modelling approach to investigate

sodium thiocyanate (NaSCN) and lithium nitrate (LiNO3) as alternative absorbents

in combination with ammonia as the refrigerant and helium as the auxiliary gas. Both

absorbents were predicted to give a higher COP than water at lower generator tem-

peratures, with LiNO3 showing the highest COP of 0.48 at a generator temperature of

120 ◦C. NaSCN was later investigated experimentally by Rattner and Garimella [32–

34], with a novel bubble pump configuration featuring a co-flow heat source fluid chan-

nel to achieve a higher generator heat transfer area and thus enabling lower heat source

temperatures. A COP of up to 0.14 was achieved at evaporator temperatures repre-

sentative of air-conditioning applications (8–12 ◦C).

A number of previous studies focused on the components and geometry of DAR

systems. Zohar et al. [35] modelled the influence of the heat exchanger in which liquid

ammonia is subcooled prior to the evaporator inlet, and found that the subcooling of

the refrigerant reduces the system COP by consuming some of the available cooling en-

ergy at the evaporator, but also allows the system to provide significantly lower cooling

delivery temperatures. In a later paper [36], the same authors investigated the config-

uration of the DAR bubble pump heat exchanger. In the standard configuration, heat

is supplied through the weak solution in the outer shell of the heat exchanger to boil

the rich solution in the inner tube. By separating the inner tube and outer shell at this

location and supplying heat directly to the rich solution, a performance improvement

of between 20–30 % was predicted. Vicatos and Bennett [37] proposed a bubble pump
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design with multiple lift tubes in parallel to be tailored to the requirements of the heat

source, and provided experimental results to show that a near-linear increase in mass

flow-rate with heat load could be achieved by increasing the number of lift tubes from

1 to 3, without a significant reduction in COP of the system. A parallel-tube bubble

pump configuration was also considered for an experimental system by Jakob et al. [38]

in order to achieve a larger cooling capacity of up to 2.5 kW. The parallel tubes were

designed as coaxial heat exchangers with heat input from a heat transfer fluid flowing

in the outer shell. Three prototype systems were tested and a maximum COP of 0.38

was achieved for a relatively high evaporator temperature of 15/18 ◦C.

Commercial DAR systems, such as those manufactured by Dometic [39] (formerly

Electrolux) tend to fall into two categories. In the first category are smaller systems

with cold storage volumes < 50 L and nominal cooling capacities < 30 W. These systems

are typically marketed as minibar refrigerators for hotels, with the thermal input to

the generator provided by electric heater elements integrated into the refrigerator unit.

The second category are larger systems with cold storage volumes up to 200 L and

cooling capacities as high as 100 W. These systems are more commonly marketed for

use in recreational vehicles, caravans or other mobile applications, with the option of

electrical heaters or gas burners for heat input. Of the relatively few experimental

investigations of DAR systems in the literature (in addition to those mentioned above)

the majority feature the former, smaller, type of system [40–47].

In this paper, a detailed experimental evaluation is conducted of a newly-proposed,

domestic-scale ammonia-water-hydrogen DAR unit with a nominal cooling capacity of

100 W, aimed specifically at solar-cooling applications. This is a larger type of system

than those considered in the experimental studies cited above, and lends itself more

easily to the intended solar application both in terms of integration with solar collectors

and the potential to modify the component configuration and dimensions within the

existing footprint of the unit. At this scale the system also has strong potential to

provide larger cooling loads through modularisation. The experimental results in this

study are complemented by predictions from a model of this system in order to obtain

an understanding of the operation and performance of DAR system, especially at off-

design conditions that are of great importance in solar applications, and to explore the

predictive power of the model over the range of investigated conditions.

The paper is arranged as follows: the experimental apparatus is presented in Sec-

tion 2, along with a description of the thermodynamic processes that form the basis
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of the steady-state thermodynamic model of the system. The experimental results are

presented in Section 3, where the main objective is to map the cooling capacity and

COP of the system over a wide operating range, relating specifically to the generator

temperature and thermal input power, and to determine the optimal operating point of

the DAR under the default manufacturer’s settings (i.e., working fluid mixture concen-

tration and system pressure). The identification of the optimal operating point allows

the system to be investigated further using a representative steady-state model, and

in the second part of Section 3 the experimental results are compared to simulations

using the steady-state system model configured with a range of suitable assumptions.

Finally, the main conclusions from this study are presented in Section 4.

2. Methodology

2.1. DAR cycle description

A diagram of the ammonia-water DAR system is shown in Fig. 1, with the major

components labelled. In the generator, the refrigerant-rich solution is heated (1-2)

forming vapour bubbles that rise upwards, lifting liquid solution to the top of the

bubble pump. The liquid and vapour phases are separated at the top of the bubble

pump; the liquid solution (3) descends downwards in the outer shell of the bubble pump

towards the absorber, while the saturated vapour mixture (4) proceeds upwards to the

rectifier. The function of the rectifier is to remove any residual water from the vapour

mixture by partial condensation. The liquid condensate exits from the bottom of the

rectifier (5), while near-pure vapour refrigerant continues upwards to the condenser

where it is condensed, releasing heat to the surroundings (6-7). The liquid refrigerant

leaving the condenser is pre-cooled in the gas heat exchanger (7-9) before entering the

evaporator, which is loaded with an inert gas (in this case, hydrogen). On entering the

hydrogen environment, the refrigerant’s partial pressure drops, and low-temperature

evaporation occurs (9-10), producing the refrigeration effect. The refrigerant vapour

and inert gas mixture then enter the absorber where the refrigerant (10) is absorbed into

the weak solution (8) releasing heat to the surroundings and resulting in a refrigerant-

rich solution that is collected in the reservoir (11). The inert gas is not absorbed and,

being less dense the refrigerant, rises back to the evaporator in the gas heat exchanger.
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Figure 1. Diagram of the ammonia-water DAR system, with numbered state points

indicating the processes described in Section 2.1. The zoomed-in section in the bottom

left shows the mixing section where the refrigerant meets the inert gas at the top of

the evaporator.

2.2. Experimental apparatus

The experimental DAR system is a single-piece unit constructed from steel tubing with

welded connections, and has a nominal cooling output of 100 W. For the experiments

presented in this paper, the system was charged with ammonia-water solution at an
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overall mass concentration of 30 % and pressurised with hydrogen to 22 bar, as per the

manufacturer’s default specification. A photograph of the unit is shown in Fig. 2.

The design of the experimental system has been adapted from conventional DAR

systems to specifically target solar-cooling applications in warm climate conditions.

All heat exchanger areas have been increased to improve heat rejection under high

ambient temperatures: the finned condenser has four passes of the refrigerant tubing

instead of the conventional two; the absorber has two parallel tube coils instead of the

conventional one, and the rectifier is formed in an extended serpentine arrangement

to maximise length. The generator heat exchanger, meanwhile, has been adapted

to receive heat input from solar collectors. A two-piece aluminium block is clamped

around the generator tube with five cylindrical holes along the bottom edge. The

spacing and diameter of the holes have been chosen to accommodate evacuated-tube

heat pipe solar collectors. The heat exchanger block also contains four small internal

heat pipes for improved heat conduction to the generator (see Fig. 3).

In the laboratory tests, electrical heating is used instead of solar collectors, to

control the heat input rate to the generator and to enable characterisation of the

system at steady-state. Five electrical cartridge heaters (3/8 × 4 in., 350 W) were

inserted into the heat exchanger block as shown in Fig. 3, which was clamped around

the generator tube. Thermally conductive paste was used to ensure a good thermal

contact. The heat exchanger block was insulated using several layers of mineral-fibre

insulation and an outer casing of 75 mm rigid polyisocyanurate (PIR) insulation boards.

The bubble pump was also insulated with 50 mm rockwool pipe insulation. A variable

AC auto-transformer (variac) was used to adjust the electrical power supplied to the

cartridge heaters, and thus, also the heat supplied to the generator. The electrical

power consumption of the heaters was measured using a Rohde & Schwarz HM-8115

digital power-meter with stated accuracy in active power measurement mode of ± 0.8 %.

Unlike in earlier studies in which the delivered cooling was not measured, or was

measured by using a liquid flow which may overestimate the cooling power, an air-

coupling configuration was used here to measure directly the cooling output of the DAR

unit under investigation. An insulated box was constructed around the evaporator,

made from PIR insulation boards with a thickness of 30 mm and a thermal conductivity

of 0.022 W/(m·K). The internal dimensions of the chilled space (cold box) were 800 ×
450×200 mm. An electric fan-heater was used to maintain a constant air temperature of

∼ 25 ◦C inside the box during the experiments. The fan heater’s output was controlled
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Figure 2. Photograph of the laboratory DAR system used in the experiments.
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Figure 3. Photographs of the generator heat exchanger: a) internal view showing the

slots for the generator pipe, heat pipes and cartridge heaters; b) external view showing

the rear side with bolt holes c) bottom view showing cartridge heaters inserted into

the slots.

using a PID controller with feedback from a thermocouple inside the chilled space. The

power consumption of the fan heater was measured by a second digital power meter, a

Rohde & Schwartz HMC-8015 with a stated accuracy of ± 0.1 % over the measurement

range. The cooling output from the DAR evaporator was assumed to be equal to the

power consumed by the fan heater to maintain the air temperature inside the box.

In order to achieve a uniform temperature in the chilled space, two configurations

were considered for the positioning of the heater and fan inside the enclosure, each

resulting in a different air-circulation pattern. Following a series of tests, the chosen

configuration was the one with the most even air-temperature distribution, in which

the heater was situated at the bottom of the box and the air directed upwards across

the front surface of the evaporator (see Fig. 4a). The fan speed was set to a sufficiently

high value so that the air-side surface resistance did not dominate the cooling output

from the evaporator. The appropriate setting was determined by steadily increasing the

fan speed until no further increase in the cooling output was observed. The electrical

power consumption of the circulation fan was found to be approximately 7 W during

the tests, and this was added to the electrical consumption of the heater in order to

determine the cooling output from the DAR system.

Temperatures were measured at various locations in the DAR system using K-type
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thermocouples (manufacturer-stated accuracy ± 1.5 ◦C) and logged to a computer by a

data logger (manufacturer-stated accuracy ± 0.5–0.9 ◦C, depending on the temperature

reading; lower at lower temperatures). Where possible, these locations were chosen to

represent the state points of the thermodynamic model of the DAR cycle (see Sec-

tion 2.3). Due to the difficulty in measuring fluid temperatures directly, which would

involve cutting into the system pipework, thermocouples were instead placed in contact

with the outer surface of the steel tubes. A conductive paste was used to achieve a

good thermal contact and improve the accuracy of the measurement.

The DAR system pressure was also not measured directly during the tests, but

was estimated from the dew-point temperature of the near-pure ammonia observed in

the condenser (see Section 3.1). Temperature profiles along the condenser and rectifier

tubing were measured using regularly spaced thermocouples, as shown in Fig. 5, to

obtain the dew-point temperature reliably.

In this work, each reported experimental parameter that defines each DAR working

condition (i.e., generator power, evaporator/cooling power, temperatures) is an average

of 200 independents measurement samples. Based on measured standard deviations,

we estimate the statistical error in the mean reported values amounts to <1 % for the

generator power, between <1 % and 10 % for the evaporator/cooling power, at a 95 %

confidence interval. The worst case error in the mean for the reported temperatures

was observed for the evaporator outlet thermocouple (T10), and amounted to ± 2 ◦C.

2.3. DAR system thermodynamic model

A simple thermodynamic model of the DAR cycle is used to analyse the experimental

results, based on the earlier work by Starace and De Pascalis [48]. This model is

extensively cited in the recent literature on DAR systems and can potentially be applied

to a wide range of DAR system configurations due to the simple nature of the system’s

component sub-models and its relative ease of implementation. Nevertheless, to date,

there has been no experimental validation study of the simplifying assumptions used in

the model or examination of their impact on the model predictions. In this section, a

description of the main energy balance equations is provided with the numbered state

points corresponding to those indicated in Fig. 1. For the full list of equations used in

the model, the reader is referred to Ref. [48].

Equation 1 is the energy balance for the generator and bubble pump. The net
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Figure 4. Air-coupling configuration used for direct cooling output measurements in

the insulated enclosure constructed around the evaporator, showing alternative posi-

tioning arrangements for the electrical heater and fan.
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enthalpy rise of the ammonia-water mixture in the generator/bubble pump is equal to

the heat supplied (Q̇gen) minus the heat dissipated to the surroundings (Q̇loss). It is

assumed that State 1 is a saturated liquid, while vapour-liquid equilibrium is assumed

between State 3 (liquid) and State 4 (vapour). For a case in which it is assumed that

the bubble pump and the generator are perfectly insulated, the heat dissipation term

is neglected and temperatures T2 = T3 = T4.

Q̇gen − Q̇loss = ṁ3h3 + ṁ4h4 − ṁ1h1. (1)

Equation 2 is the energy balance for the rectifier. Q̇rect is the heat rejected to

the surroundings by the partial condensation of the water fraction from the vapour

mixture. Vapour-liquid equilibrium is assumed between the entering vapour mixture

(State 4) and the exiting condensate (State 5). State 6 is the near-pure ammonia

proceeding to the condenser.

Q̇rect = ṁ5h5 + ṁ6h6 − ṁ4h4. (2)

Equation 3 is the energy balance for the condenser. Q̇cond is the heat rejected to

the surroundings by the condensation of the ammonia refrigerant (and any remaining

water fraction) at the system condensation pressure.

Q̇cond = ṁ6(h7 − h6). (3)

The liquid refrigerant flow-rate proceeding to the evaporator is assumed equal

to that leaving the condenser, ṁ6 = ṁ7 = ṁ9. In Eq. 4 the energy balance for the

evaporator considers both the pre-cooling and evaporation processes and also the mass-

flows of refrigerant and inert gas (ig). By assuming a saturated vapour at the evaporator

outlet (State 10), the partial pressures and mass fractions of refrigerant and inert gas

are determined from the saturated vapour temperature.

Q̇evap = ṁ9(h10 − h7) + ṁig(h10,ig − h8,ig). (4)
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In the absorber energy balance (Eq. 5), refrigerant vapour mixed with inert gas

is introduced from the bottom (State 10) via the reservoir, while the weak solution is

introduced at the top (State 8). The refrigerant is absorbed into the weak solution,

releasing heat to the surroundings (Q̇abs), and the remaining inert gas exits at the top

of the absorber. It is assumed that the inert gas exits at the same temperature as the

weak solution that is introduced, T8 = T8,ig.

Q̇abs = ṁ11h11 − ṁ10h10 − ṁ8h8 + ṁig(h8,ig − h10,ig). (5)

Equation 5 is the energy balance for the liquid solution heat exchanger. Thermal

energy is transferred from the refrigerant-weak solution flowing in the outer annulus to

the refrigerant-rich solution in the inner tube. It is assumed in the model that no heat

losses occur to the surroundings.

ṁ3h3 + ṁ5h5 − ṁ8h8 = ṁ1(h1 − h11). (6)

In Equations 1–6, the molar concentrations and specific enthalpies of the ammonia-

water mixture under vapour-liquid equilibrium conditions are evaluated using the em-

pirical functions of Patek and Klomfar [49]. Finally, in Eq. 7, the coefficient of perfor-

mance (COP) is the ratio of the cooling output power at the evaporator to the heat

input at the generator:

COP =
Q̇evap

Q̇gen

. (7)

2.4. Model inputs and assumptions

The DAR system model requires the specification of a number of input parameters,

specifically the generator heat input rate Q̇gen, total system pressure ptot, and the tem-

peratures T1, T2, T6, and T10. Based on these inputs, the outputs from the model are the

system flow-rates and remaining state-point temperatures, the cooling capacity Q̇evap,

and thus also the system COP. In the present study, Q̇gen, and most of the tempera-

ture input parameters were provided using direct measurements from the experiments,

while ptot was determined indirectly from the saturation temperature measured along
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the rectifier and condenser section (see Section 3.1).

The precise values of T1 and T2 could not be verified accurately in the experiments,

due to the difficulty of obtaining a temperature measurement of the rich solution flow in

the inner tube of the generator. Thus at State 1 the temperature was estimated as the

saturated liquid temperature corresponding to an ammonia concentration of x1 = 0.3;

while for State 2 a temperature difference of 2 K was assumed between the flow in the

inner tube and the measured temperature at the outer tube (this assumption was also

used in the DAR system model by Zohar et al. [50]).

In the work by Starace and De Pascalis [48] on which the thermodynamic model

in the present work is based, the following assumptions were used to solve the model

equations:

1. No sub-cooling occurs in the condenser, hence the fluid exiting at State 7 is a

saturated liquid;

2. Refrigerant leaves the evaporator at State 10 as a saturated vapour;

3. The temperature exiting the condenser is equal to the reservoir temperature: T7

= T11;

4. No thermal losses occur to ambient in the liquid solution heat exchanger.

The experimental results in this study will be used to evaluate the above assumptions

and assess their impact on the prediction of the system performance.

3. Results and discussion

3.1. Experimental observations

The experimental measurements of the DAR system cooling capacity over the investi-

gated range of generator heat input rates are plotted in Fig. 6. For these measurements,

the chilled space temperature was maintained at 25 ◦C±1 ◦C. From Fig. 6 it can be

observed that the cooling output from the system increases as the generator heat input

is raised from 150 W to 400 W, after which there is a plateau at a maximum value of

103 W± 5 W, followed by an eventual decrease in cooling output at Q̇values > 650 W.

The COP of the system, also shown in Fig. 6, is calculated based on the measured

generator heat input and cooling output. The COP is shown to reach a peak value of
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Figure 6. Experimental DAR system cooling capacity and coefficient of performance

(COP) plotted against generator heat input.

0.26 at a generator heat input of 300 W. A likely hypothesis is that this corresponds

to the operating condition at which the maximum flow-rate of ammonia refrigerant

vapour is delivered from the rectifier to the condenser, with a minimal fraction of

water vapour. At higher values of Q̇gen, insufficient heat is rejected in the rectifier to

condense out the water vapour, and thus a progressively higher water vapour fraction

is carried over to the condenser and the evaporator (as evidenced by the increase in

temperature measured at the condenser inlet), limiting the achievable specific cooling

output. At lower values of Q̇gen, excessive heat is rejected in the rectifier which also

results in some unwanted condensation of the ammonia fraction, and thus a lower flow-

rate of refrigerant delivered to the condenser and evaporator, also limiting the cooling

output. In Fig. 7 the cooling output and COP are plotted against the generator (heat

source) temperature. It can be observed that the maximum cooling output corresponds

to a generator temperature in the range 180–210 ◦C, with a higher COP occurring at

the lower end of this temperature range.

As stated in the previous section, the system pressure is not measured directly in
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Figure 7. Experimental DAR system cooling capacity and coefficient of performance

(COP) plotted against generator temperature

the experiments. The initial “cold-charge” pressure value stated by the manufacturer

is ∼ 22 bar, however it is expected that during the tests the pressure may increase by

as much as 15–20 % due to the continuous supply of heat at the generator. In order

to provide further corroboration of the estimated system pressure, the temperature

profile along the rectifier and condenser is plotted in Fig. 8, for various values of Q̇gen.

When analysing the plot, it is expected that the condensation of pure ammonia will be

identifiable by an isothermal region, which should also allow the corresponding system

pressure to be determined.

Starting at the lowest heat input value of Q̇gen = 150 W, Fig. 8 shows an isother-

mal region in the serpentine and upper sections of the rectifier, occurring at a temper-

ature of 56.5 ◦C and corresponding to an equivalent ammonia condensation pressure

of 24 bar. That this isothermal region is observed in the rectifier rather than the con-

denser suggests a sub-optimal performance in which the rectifier is rejecting more heat

than required for the given generator load. As Q̇gen is raised from 150 to 350 W, the

position of the isothermal condensation region shifts from the serpentine section of the
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Figure 8. Temperature profile from generator inlet (State 1) to condenser outlet

(State 7) for different generator power.

rectifier to the horizontal section, and eventually to the condenser. At the 350 W the

measured condensation temperature is 61 ◦C, corresponding to an ammonia condensa-

tion pressure of 26.8 bar. At this point a larger quantity of condensed ammonia flows

by gravity toward the evaporator, where it can provide useful cooling, rather draining

back to the generator/bubble pump. As Q̇gen is increased further from 350 to 700 W,

an isothermal condensation region is less clearly defined due to the increased fraction

of water vapour present in the condenser.

In Fig. 9, the ammonia concentration at the condenser inlet is estimated from

the saturated vapour temperature. For low heat input conditions up to 400 W, the

temperature measured at the condenser inlet indicates a highly effective separation of

water from the vapour mixture in the rectifier and a high purity refrigerant vapour

(y6 > 0.998) entering the condenser. Beyond this point, the ammonia concentration

y6 decreases in exponential fashion, as the condenser inlet temperature T6 is observed
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to increase sharply. At the highest generator heat input of 700 W, the condenser inlet

temperature is 140 ◦C and the ammonia vapour concentration is 0.92. The dotted

line Tsat in Fig. 9 indicates the saturated liquid temperature of the refrigerant at the

estimated system pressure. The condenser outlet temperature T7 is 3–23 K below the

saturated liquid temperature, and shows more considerable sub-cooling of the refrig-

erant at lower values of Q̇gen. This observation is significant for the evaluation of the

system model, in which the refrigerant is assumed to exit the condenser in a saturated

liquid state, and will be discussed further in Section 3.2.

In the system model, the evaporator temperature is an important input parameter

required for the calculation of the relative mass flow-rates of refrigerant and inert gas,

which are highly influential on the COP of the system. In the model, State 9 represents

the point at which the refrigerant and inert gas come into contact; resulting in a drop

in refrigerant partial pressure and also a drop in temperature as the refrigerant begins

to evaporate. A particular challenge in the experimental evaluation of this process is
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of the refrigerant-inert gas mixing point (States 9A and 9B, repectively), and also at

the evaporator outlet (State 10). See Fig. 1 for measurement positions.

the accurate measurement of the temperature at State 9, as a significant variation in

temperature is found to occur over a relatively short distance along the top section of

the evaporator. After the initial drop in temperature, which typically occurs along the

first 10–20 cm of tubing, a more gradual increase in temperature occurs toward the

evaporator outlet. In Fig 10, T9A is the temperature measured at the point at which

the refrigerant is introduced, T9B is the minimum evaporator temperature measured

just after the initial temperature drop and T10 is the temperature measured at the

outlet of the evaporator (the temperature measurement positions are indicated on the

system diagram in Fig. 1).

In Fig. 11, T8 is the temperature of the weak solution exiting the liquid heat

exchanger (LHX) and entering the absorber, while T11 is the temperature of the rich

solution exiting the reservoir and entering the liquid solution heat exchanger (LHX).

The weak solution stream is the hotter stream in the LHX, and thus it is expected that

T8 should be slightly higher than T11, however Fig. 11 shows the opposite. A reasonable
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and in the fluid reservoir (State 11). Also shown is the ambient temperature.

explanation is that the weak solution receives additional cooling from the ambient air

as it travels in the connecting tube between the LHX and the top of the absorber. It can

also be observed that both T8 and T11 reach a maximum value at around Q̇gen = 550 W

and then begin to decrease as Q̇gen is increased further. This maybe due to “dry-out”

in the bubble pump that interrupts the flow of weak solution to the absorber. An

assumption used in the system model is that the reservoir outlet (State 11) and the

condenser outlet (State 7) are at the same temperature, as both components reject

heat to the ambient air. Figure 11 shows that this assumption becomes less valid at

higher values of Q̇gen, as the required cooling duty from the condenser becomes too

large for sufficient heat to be rejected to the ambient air.

3.2. Model evaluation

Performance calculations were performed using the DAR system model for the

range of generator heat inputs tested in the experimental investigation. The input

parameters T1, T2, T3, T6, and T10 were also set to the values measured in the experi-
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ments. The system pressure was set to the estimate values obtained from the analysis

of Fig. 8. In order to evaluate the various assumptions used in the system model (see

Section 2.4), five variants of the model are investigated:

• Basic model: all of the default model assumptions presented in Section 2.4 are

applied.

• Isothermal bubble pump: heat losses from the bubble pump are neglected by

setting T3 = T2 and Q̇loss = 0.

• Condenser subcooling: subcooling at the condenser outlet is taken into ac-

count by specifying the temperature at State 7 as a model input parameter based

on the experimental data, rather than using the default assumption of a saturated

liquid state.

• Lower reservoir temperature: the temperature at State 11 is specified as a

model input parameter based on the experimental data, rather than using the

default assumption T11 = T7.

• Weak solution pre-cooling: additional heat losses from the weak solution

to the ambient along the connecting tube between the LHX and the absorber

inlet are considered by specifying the temperature at State 8 as a model input

parameter based on the experimental data, rather than solving as an output of

the LHX energy balance.

The input data used for each of the model variants is shown in Table 1. The model

predictions are compared to the experimental data in terms of cooling output (Q̇evap)

in Fig. 12 and COP in Fig. 13, and the model output data is summarised in Table 2.

The basic model is shown to under-predict the cooling output from the DAR system

across the full range of generator heat input values, but provides a reasonably close

agreement with the experimental data around the nominal design point of the system,

predicting Q̇evap to within 10–13 % at values of Q̇gen between 350–400 W. It should be

noted here that the steady-state system model is not expected to fully capture some

of the more complex phenomena that occur under off-design conditions, such as the

unsteady behaviour due to dry-out in the bubble pump at high heat loads. With this

in mind, it is notable that the basic model only predicts net cooling delivered from

the evaporator at values of Q̇gen between 250–530 W. At the lowest values of Q̇gen, the
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Table 1. Input parameters used in the DAR system model variants, based on experi-

mental data and the stated assumptions of each model variant.

Basic model inputs

Q̇gen W 300 400 500

p bar 26.1 26.5 26.8

T1
◦C 137.3 147.0 153.0

T2
◦C 176.0 181.2 188.7

T3
◦C 148.7 167.9 172.9

T6
◦C 51.4 62.6 79.0

T10
◦C 28.6 29.0 28.8

Modified or additional inputs

T3
(i) ◦C 176.0 181.2 188.7

T7
(ii) ◦C 39.8 45.2 50.6

T8
(iii) ◦C 31.2 33.2 34.1

T11
(iv) ◦C 36.1 39.0 40.6

(i) Modified input used in “Isothermal bubble pump” model.

(ii) Additional input used in “Condenser subcooling” model.

(iii) Additional input used in “Weak solution pre-cooling” model.

(iv) Additional input used in “Lower reservoir temperature” model.

predicted mass flow-rate of refrigerant proceeding from the rectifier to the condenser is

too low to produce useful cooling from the evaporator in the model. Meanwhile, at the

highest values of Q̇gen, the larger predicted fraction of water entering the evaporator

also results in no useful cooling output in the model due to a lower predicted partial

pressure of refrigerant and a higher mass fraction of inert gas.

The “isothermal bubble pump” model is shown to predict a higher cooling output

at lower values of Q̇gen, because the higher temperature at the bubble-pump outlet

results in a larger mass flow-rate of refrigerant at the rectifier outlet. In fact this model

over-predicts the cooling output from the system by as much as 50 % at the lowest heat

input conditions, suggesting that some heat is indeed dissipated to the environment

in the bubble pump, but that the quantity of dissipated heat is overestimated in the

basic model. It should also be noted that the predicted mass flow-rate of refrigerant

vapour entering the condenser at State 6 is highly dependent on the assumption of
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Figure 12. DAR system cooling capacity plotted against generator heat input. Com-

parison of the steady-state thermodynamic model predictions (under various input

assumptions) and the experimental results.

vapour-liquid equilibrium between States 4 and 5 in the rectifier.

The result of modifying the model to include the subcooing at the condenser outlet

(in the “condenser subcooling” variant) is a 20–50 % increase in cooling output relative

to the basic model across most of the operating range, due partly to the significantly

lower temperature of refrigerant entering the evaporator/GHX. The temperatures in

the absorber and reservoir are also reduced due to the default model assumption that

T11 = T7, and this further contributes to increased cooling output. At the nominal

design point of the system this variant of the model provides a slight over-prediction

of the system performance compared to the experimental results. Similarly, when

the reservoir temperature is provided as an explicit input to the model in the “lower

reservoir temperature” variant, the energy balances in the absorber and LHX are also

affected, resulting in a lower temperature of inert gas returning to the evaporator and

thus resulting in a higher cooling output relative to the basic model. This also results in

an extended operating range, with useful cooling predicted at values of Q̇gen > 600 W.
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Figure 13. DAR system COP plotted against generator heat input. Comparison of

the steady-state thermodynamic model predictions (under various input assumptions)

and the experimental results.

For the model in which the “weak solution pre-cooling” is taken into account, the

temperatures in the absorber are also affected, and the temperature of the inert gas

entering the GHX is reduced to an even larger extent. This model variant provides the

best prediction of the cooling output at the high end of the operating range, but still

under-predicts Q̇evap by as much as 50 % at the highest values of Q̇gen.

4. Conclusion

A detailed experimental investigation was conducted to understand the operation

and to analyse the performance of a newly-developed ammonia-water diffusion absorp-

tion refrigeration (DAR) unit over a range of heat-supply conditions. The majority of

prior experimental studies on ammonia-water DAR systems considered smaller units

with low cooling capacities < 50 W, while the present work focuses on the development

of a larger capacity system more suited, by specific features of its design and construc-
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tion, to solar-driven cooling applications in warm climates. Also of note in terms of the

novelty and contribution of this work, are the direct measurements of the cooling power

(to air) and COP of the investigated system, and the use of the resulting experimental

data to validate and explore the assumptions of a well-known and widely-cited model

of DAR systems proposed by Starace and De Pascalis [48].

The experimental results from the laboratory tests have demonstrated that the

cooling COP is limited by the geometry of the system, and the conditions under which

the heat input is sufficient for the operation of the bubble pump. Furthermore, it

was found that further increase of the heat input beyond the nominal design point

eventually disrupts the operation of the system, causing a decrease in cooling capacity.

For the experimental system featured in this study, the COP was found to peak at a

value of 0.26, corresponding to a heat input of 300 W and a cooling output of 80 W.

At heat input conditions higher than 500 W, higher temperatures in the bubble pump

indicated possible dry-out due to overheating of the generator.

It has also been demonstrated that a simple thermodynamic model, such as the

one used to analyse the experimental results, can provide reasonable estimates of the

DAR cooling output close to the design point of the system (i.e. where thermal input

load is set to provide maximum-COP operation). The basic model has been shown

to predict cooling capacity to within ∼ 10 % at the design point, while the prediction

was improved to within 2 % by accounting for the considerable degree of subcooling in

the condenser that was observed in the experiments. Model variants were developed

to interrogate the assumptions for components such as the bubble pump, reservoir and

solution heat exchanger. Despite some promising agreement of the predicted perfor-

mance with experimental data over limited ranges of conditions, these variants were

not able to predict the cooling output accurately over the full operating range.

Thus, this study has demonstrated that in order to predict the performance of the

system with variable heat sources such as solar-thermal energy, the off-design perfor-

mance of the system requires further investigation. A reliable part-load model would be

an invaluable tool for the investigation of alternative working fluid mixtures that may

be better-suited to DAR operation with low-cost (low temperature) solar collectors,

providing optimal cooling output over a range of diurnal or seasonal solar irradiance

conditions. Future work should focus on the development of an improved model capable

of predicting the part-load/off-design behaviour of ammonia-water-hydrogen DAR sys-

tems through detailed understanding of the physical phenomena in the various system
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components. This is a challenging proposition due to the passive nature of the system

operation, and in particular the lack of control over the system flow-rates. In order to

validate such a model, further experimental work is also required to map the system

performance across a wide range of charge pressures and mixture concentrations.
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