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Abstract

Nowadays, domestic space heating accounts for more than 16% of the worldwide primary
energy consumption. Electrically Driven Heat Pumps (EDHPs) have been identified as a key
technology to provide energy savings in this sector. However, since EDHPs require electrical
power, issues related to network overload at peak-time and high operating costs occur more
and more. Furthermore, depending on the local energy mix, EDHPs may have a high electricity
carbon intensity, particularly when the electricity is generated from fossil fuels. A promising
alternative to address these shortcomings is the use of Thermally Driven Heat Pumps (TDHPs),
which are powered by a heat source instead of electricity. TDHPs offer the possibility of
running with numerous types of heat sources, even renewable ones. Typical TDHP systems
are absorption heat pumps, ejectors, and gas engine driven heat pumps. An alternative
technical option is to combine a bottoming vapor compression Heat Pump cycle (HP) with
a topping Organic Rankine Cycle (ORC) in which the ORC turbine drives directly the HP
compressor. This system configuration is named ORC driven Heat Pump (HP-ORC). This
technology provides flexibility regarding the selection of the thermal energy source while
offering the possibility of producing electricity (cogeneration). Furthermore, when combined
with gas bearing supported turbomachinery, the HP-ORC technology offers a compact, oil-free,
and efficient heating solution.

The first concept of a HP-ORC system based on gas bearing supported turbomachinery has
been investigated in previous work and results were very promising regarding the experimental
performance achieved by the proof of concept. The goal of this thesis is to identify the potential
of this technology and the challenges that need to be addressed. Since HP-ORC systems are
complex, an integrated design and optimization procedure has been applied with the aim of
providing the best system design while satisfying competitive objectives such as performance,
investment cost, and feasibility.

While integrated design procedures are attractive, they are complex and time consuming due
to the high number of design variables and a large number of iterations required to achieve
satisfactory convergence. Accurate reduced order models for the various system components
are, therefore, highly beneficial for improving the automated design process. However, these
models are currently missing for small-scale turbomachinery. Hence, updated reduced order
models for small-scale radial inflow turbines and centrifugal compressors are developed in
a first step. These pre-design models are more than three orders of magnitude faster than
mean-line analysis models while predicting isentropic efficiencies within a 4% deviation band.



Abstract

Furthermore, these new reduced order models provide updated design guidelines for radial
turbomachinery operating with refrigerant, offer insights into the underlying phenomena
that shape the efficiency contours, and identify the turbomachinery dimensions that have a
significant impact on the design process.

In a second step, the updated turbomachinery models have been used for the integrated
optimization of the Compressor Turbine Unit (CTU), yielding CTU efficiencies in excess of 60%,
which represents a 20-pt efficiency gain compared to the proof of concept. The optimization
results suggest that the performance trade-off is governed mainly by the turbomachinery
components. In addition, the design robustness of the CTU is investigated, showing the
importance of mitigating manufacturing errors in the bearing design while having fluid leakage
and turbomachinery tip clearances as small as possible.

In a third step, the integrated design optimization of the thermodynamic cycle with respect
to a thermo-economic trade-off is developed. For domestic heat pump applications (floor
heating at 35°C with a ground source at 7°C), the optimum working fluid and heat exchanger
design are retrieved. Using a hot source at 180°C, exergetic efficiencies in excess of 50% and
COPs above 1.8 are achieved, showing a 30% increase compared to the performance of the
proof of concept. In addition, two configurations are compared, one where the ORC expander
and HP compressor are coupled through the same shaft, and a second one where the ORC and
the HP cycle are connected electrically, i.e., mechanically uncoupled. Although the uncoupled
HP-ORC offers more design and operational flexibility, it presents inferior thermo-economic
trade-offs compared to the coupled configuration (14% less efficient and 16% more expensive
on average). Finally, the HP-ORC is compared to typical sorption systems, suggesting that
single effect absorption heat pumps are competitive at low heat source temperatures (<120°C),
whereas HP-ORC systems perform better if the heat source temperature is higher than 150°C.

In a final step, the optimization tools described in this thesis are applied to three case studies
for which the HP-ORC offers competitive advantages over alternative technologies (1) in terms
of performance and CO, emissions (domestic and greenhouse heating applications), and (2)
in terms of engine performance and size (air conditioning in helicopters using the engine
exhaust heat).

Keywords: Thermally driven heat pumps, gas bearings, organic Rankine cycle, ORC driven
heat pumps, radial turbomachinery, optimization, thermo-economic, robustness
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Résumé

De nos jours, le chauffage domestique est responsable de 16% de la consommation totale
d’énergie primaire dans le monde. L'usage des Pompes a Chaleur entrainées électrique-
ment (PACe) est une des solutions permettant une réduction drastique de cette consomma-
tion. Cependant, les PACe sont totalement dépendantes d'une source d’électricité, ce qui
peut entrainer des surcharges du réseau pendant les périodes de pointe, ainsi que des cofits
d’opération élevés, I'électricité étant 'une des énergies primaires les plus chéres. En outre,
selon le mix énergétique local, les PACe peuvent présenter une empreinte carbone importante,
particulierement lorsque I'électricité est produite a partir de ressources fossiles. Afin de pallier
aux inconvénients des PACe, les PAC entrainées thermiquement (PACth) sont une technologie
alternative prometteuse. En effet, puisque les PACth ne sont pas entrainées par une source
d’électricité mais par une source de chaleur, elles peuvent utiliser plusieurs types d’énergie
primaire, qu’elle soit d’origine fossile (fioul, gaz) ou renouvelable (biomasse, solaire). Les
PACth les plus répandues sont les pompes a chaleur a absorption, les systémes a éjecteur et
les pompes a chaleur entrainées par gaz. Une autre technologie prometteuse de PACth est
un systeme PAC entrainé par un cycle de Rankine organique (ORC), alors appelé PAC-ORC.
Ce systéme est constitué d’un cycle PAC classique directement entrainé par la turbine d'un
cycle ORC. Ce systéme offre une grande flexibilité dans le choix de la source de chaleur (par
exemple renouvelable et a basse température), et permet de produire de I'électricité via I’arbre
reliant la PAC et 'ORC (cogénération). De plus, si la technologie PAC-ORC est associée a des
turbomachines montées sur paliers a gaz, une solution de chauffage compacte, sans huile et
performante est proposée.

Le premier concept d'un systéeme PAC-ORC opérant avec des turbomachines montées sur
paliers a gaz a été étudié lors de travaux précédents, présentant des résultats hautement
prometteurs. Le but de cette thése est d’explorer plus en détail le potentiel et les défis de la
technologie PAC-ORC. Les systémes PAC-ORC étant complexes, une procédure d’ optimisation
intégrée est alors mise en place afin de trouver le design satisfaisant au mieux des objectifs
d’efficacité, de cotit et de faisabilité.

Les procédures d’optimisation intégrée sont tres intéressantes pour la conception automatisée
de systéemes complexes. En revanche, en raison du nombre important de variables de concep-
tion et d’itérations requises pour obtenir une convergence satisfaisante, ces méthodes sont
complexes et chronophages. L'acces a des modeles d’ordre réduit précis sont alors hautement
bénéfiques pour accélérer les procédures de conception automatisée. De tels modeles ne
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Résumé

sont cependant pas disponibles pour les turbomachines de petite taille. Pour cette raison, des
modeles estimant I'efficacité d'un compresseur centrifuge et d'une turbine radiale sont dans
un premier temps développés. Ces modeles sont 1500 fois plus rapides que les modeéles 1D,
alors qu'ils prédisent la méme efficacité avec une erreur inférieure a 4%. De plus, ces modeéles
apportent des recommandations nouvelles de conception pour les turbomachines de petite
taille.

En utilisant ces nouveaux modeles, I'optimisation intégrée de I'unité compresseur turbine
montée sur paliers a gaz est réalisée dans un second temps. Des efficacités supérieures
a 60% sont prédites, ce qui correspond a une augmentation de 20 points par rapport aux
premiers tests expérimentaux réalisés. L'étude suggere que la performance du systéme est
majoritairement influencée par les turbomachines. Enfin, la robustesse du design optimum
a été étudiée, démontrant la nécessité d’éviter au maximum les erreurs de fabrication des
paliers a gaz, tout en contrdélant au mieux les jeux au niveau des volutes, des turbomachines et
des joints.

Loptimisation du cycle thermodynamique a ensuite été réalisée, en considérant un objectif de
performance maximum tout en minimisant le cotit d'investissement de la machine. Pour une
application de chauffage domestique (chauffage au sol a 35°C avec une source géothermique
a7°C), les dimensions idéales des échangeurs de chaleur et le réfrigérant optimum sont identi-
fiés. Avec une source de chaleur disponible de 180°C, des efficacités exergétiques supérieures
a50% et des COP autour de 1.8 sont obtenus. Dans un second temps, deux configurations
de PAC-ORC ont été comparées, I'une avec les cycles ORC et PAC couplés directement et
mécaniquement par un arbre, et une seconde configuration ou 'ORC et la PAC sont connectés
électriquement. Bien que la configuration découplée offre plus de flexibilité, elle présente un
compromis performance-co(it beaucoup moins intéressant (14% moins efficace pour un cofit
16% plus élevé en moyenne). Enfin, le cycle PAC-ORC a été comparé avec une technologie
typique de pompe a chaleur a absorption. Bien que ces derniéres soient compétitives pour
des sources de chaleur inférieures a 120°C, les cycles PAC-ORC obtiennent de bien meilleures
performances au-dela de 150°C.

Pour conclure cette these, les outils d’optimisation développés précédemment ont été ap-
pliqués a trois études de cas pour lesquelles la technologie PAC-ORC offre des avantages
compétitifs en terme de (1) performance et réduction des émissions de CO» (chauffage domes-
tique et de serres agricoles) et (2) en terme de performance et taille du moteur (climatisation
d'une cabine d’hélicoptere en utilisant la chaleur des gaz d’échappement).

Mots clés: Pompes a chaleur entrainées thermiquement, paliers a gaz, cycle de Rankine

organique, pompes a chaleur entrainées par ORC, turbomachines radiales, optimisation,
robustesse
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|} Introduction

1.1 Motivation

In the past fifty years, concerns about the shortage of fossil fuels and the rise of global warming
have advocated for a more rational use of primary energy as well as a smarter mix between
renewable energy sources and fossil fuels. Space heating accounts for more than 16% of
the world total energy consumption [1] . Hence, finding more efficient and environmentally
friendly technologies for space heating is now pivotal. A significant step has been made with
Electrically Driven Heat Pumps (EDHPs), which enable to reduce significantly the energy
consumption compared to conventional heating solutions. However, this technology is facing
the emerging issue of increased electricity consumption, raising questions about the risk
of network overload at peak-time. Particularly, Switzerland may face such issues since the
country is planning to gradually phase out its nuclear power production after a popular vote
that took place on the 21°° of May 2017 ! to forbid the construction of new nuclear plants.
Moreover, some countries produce most of their electricity through the combustion of fossil
fuels (coal, oil, and natural gas), leading to heating solutions with a high electricity carbon
intensity. Furthermore, from the power plant to the end users, the energy is converted twice
with EDHPs, leading to a primary energy utilization from 25% (coal power plants) to 56%
(modern combined gas power plants).

Therefore, heat pumps driven by heat instead of electricity are a promising alternative to
EDHPs to provide space heating solutions that are more environmentally friendly. The main
advantage of Thermally Driven Heat Pumps (TDHPs) is that they can run on numerous types
of heat sources, especially renewable sources such as biomass, geothermal sources, and
solar thermal. Moreover, since the system is driven by heat, overloading the electrical grid
at peak-time is mitigated. TDHP operating costs are also lower since, in Europe, the cost
of heating fuels (gas, oil, and wood) is generally lower than electricity costs 2. In order to
show the potential of TDHPs, the following study presents a brief comparison of the TDHP

https://www.admin.ch/gov/fr/accueil/documentation/votations/20170521/Loi-sur-1-energie.html

2http://euanmearns.com/energy-prices-in-europe/



Chapter 1. Introduction

technology towards conventional heating systems available on the market, such as oil boilers,
gas boilers, wood pellets boilers, and EDHPs. They are compared regarding their Total Cost of
Ownership (TCO) and the CO, emissions these heating systems produce over their lifetime.
Those quantities are defined as follows:

The Total Cost of Ownership (TCO) evaluates the economic impact of a product along its
lifetime. The TCO is defined in equation 1.1, where Cy ;,; represents the system total initial
investment cost, Cop, the operational cost per year, NY the lifetime in years, and r, the
annual escalation rate. The operational costs cover the costs of the energy source (fuel or
electricity) to drive the system and the maintenance costs, which are here not considered.
The operational costs Cp,y are therefore only dependent on the energy source costs, which
are summarized in Table 1.1 in $/kWh 3 4 5. These costs are based on what consumers pay
at a domestic level. A nominal annual escalation rate r,, of 4% is considered, based on the
predictions made by the world bank for crude oil and natural gas prices °. In this study, the
conversion rates 1CHF=$1 and 1€=$1.17 were used.

NY
TCO=Crror+ ) Coy(l+1y)? (1.1)
y=1

The CO, emissions are calculated over the heating system lifetime. They are estimated using

the values reported in Table 1.1 7 8

in g/kWh. For fossil fuels and wood pellets, it includes the
emissions from mining, processing, and transport. The emissions due to electricity include
the grid losses and the emissions released by the primary energy source. Two countries with
different energy mix have been considered for electricity generation: Switzerland (CH) ¥ (60%
hydroelectric, 35% nuclear, and 4% thermal) and Germany (DE) '° (41% coal, 22% natural gas,

5% oil, 16% hydroelectric, and 12% nuclear).

Table 1.1 - Cost and CO» emissions of various energy sources

Energy source Oil Natural | Wood Electricity | Electricity
Gas (NG) | Pellet (WP) | (CH) (DE)

CO, emissions [g/kWh] 330 270 20 130 588

Cost Co,y [$/kWh] 0.07 0.09 0.08 0.2 0.3

The comparison is based on a 40 kW domestic heating system (residential building with ten
dwellings of 120 m? each [2]). The lifetime is assumed to be 20 years. The heating consumption
of each dwelling is assumed to 12’000 kWh/year, which corresponds to a total building heating
consumption over 20 years of 2.4 MWh.

Shttp://www.bfe.admin.ch

4http://\\Wrw.agrolzl.(‘h/cvolution—dcs—prix— 110.html
Shttps://1-stromvergleich.com/power-price-germany-electricity/

Shttps:/ /knoema.com/ncszerf/natural-gas-prices-forecast-long-term-2017-to-2030-data-and-charts
“http://www.energyscope.ch/

8 https://doi.org/10.1016/j.trd.2017.07.012

9http://www.bfe.admin.ch

Ohttp:/ /www.bmwi.de/
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Figure 1.1 — Comparison of conventional heating systems with TDHP technologies

Ground source heat pumps are considered with a COP of 1.85 for TDHPs (maximum COP
achieved in the investigation performed in this thesis) and a COP of 4.5 for EDHPs 11 The
cost of the ground source drilling is supposed to be equal to $10°000. The efficiency of the
conventional boilers is estimated at 95%. The investment cost of the EDHPs and conventional
boilers are taken from the catalog of the heating systems manufacturer Viessmann '!. The
investment cost of the TDHP driven by fossil fuels is assumed to be equal to the absorption heat
pumps found on the market 2. Since no data are available for absorption heat pumps coupled
with wood pellets, it was assumed that an additional cost of $10’000 would be considered,
which is the difference between a conventional oil/gas boiler and a wood pellet boiler '!. The
results of the comparative study are presented in Figure 1.1.

Compared to conventional oil and gas boilers, the TDHPs yield smaller TCOs and reduced CO»
emissions over the system lifetime. Furthermore, since the cost per kWh of conventional fuels
is lower than electricity, TDHPs are economically equivalent to EDHPs in Switzerland, and
even less expensive than EDHPs in Germany. It is also interesting to note that, while EDHPs
installed in Switzerland produce less CO, than TDHPs driven by fossil fuels, installing an EDHP
in Germany would release 6.5% more CO, than a TDHP driven by natural gas, and 108% more
than a TDHP driven by wood pellets. By being independent of the electrical power, TDHPs are
a very promising alternative in countries such as Germany which have an energy mix with a
significant part of fossil fuels. Finally, TDHPs driven by wood pellets present the lowest carbon
intensity, suggesting reductions in CO» emissions from 48% (compared to conventional wood
pellet boilers) up to 96% (compared to conventional oil boilers). TDHPs are, therefore, highly
promising since they compete with conventional heating systems regarding operating cost
and CO, emissions reductions.

Uhtps:/ /www.viessmann.ch/fr/services/liste-de-prix.html
lzhllp://\\'\\'\\x()l‘igcn.iC/pzlgC/ price-lists/26
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Figure 1.2 — Working principle of a EDHP (a) and a TDHP (b)

1.2 State of the art on Thermally Driven Heat Pumps (TDHPs)

The principle of TDHPs is shown in Figure 1.2 (right), as opposed to EDHPs (left). EDHPs
upgrade the heating power absorbed from the environment Q.4 at low temperature T, ;4
into a heating capacity Q;,,x at medium temperature Ty;,i. This compression step is driven
by the power W provided by an electric motor. TDHPs operate at three temperature levels.
The heating power Qy,,; is supplied at high temperature T}, into a heat driven cycle which
releases a heating capacity Qsink, nor at medium temperature Tg;,x. The heat driven cycle
provides the compression power W required to upgrade the heating power Q.4 into Qg;, khp-
The useful heat Qgink = Qsink,hp + Qsink,hot 18 recovered in heating mode. TDHPs are capable
of running either in cooling or heating mode.



1.2. State of the art on Thermally Driven Heat Pumps (TDHPs)

The performance of TDHPs is in practice measured by the Coefficient of Performance (COP)
defined in equation 1.2 in heating mode and in equation 1.3 in cooling mode. For almost
all types of TDHPs, electrical power W,; is required to drive the pump(s) and other auxil-
iaries. In order to account for the primary energy consumption, W,; is divided by 0.56, which
corresponds to the conversion efficiency of modern combined gas power plants [2].

COPpoar = Q_le (12)
Qhot + ﬁ

COPopor = QL’”’W (1.3)
Qhot + ﬁ

However, it is challenging to compare the COP from one TDHP technology to the other since
their efficiencies strongly depend on their temperature levels. A thermodynamically more
coherent metric is the evaluation of the exergetic efficiency, which enables to compare TDHP
systems operating at different temperatures while assessing the thermodynamic quality of the
system. The exergetic efficiency rates the maximum work output available from a heat source
i providing a heating power Q; through a reversible cycle operating between the temperatures
of the heat source T; and the ambient T, [3]. The exergetic efficiency 7., is described by
equation 1.4 for a TDHP in heating mode. It compares the exergy output Exg;,; towards the
exergy input Exy,,; and the electrical power W,; required to drive the cycle (pump(s) and other
auxiliaries). The exergy Ex; corresponding to a heating power Q; is defined in equation 1.5.

Exsink

Nexe = —; (1.4)
Exhot"'g.v_gé

) out T, . log% .

Bxi= [ (1= o= 1- 2o (15)
in Ti Ti,out - Ti,in

The working principle of TDHPs consists in using the thermodynamic potential of a heat
source to perform the compression power W required to upgrade free heating power from
the environment (Figure 1.2). The compression can be realized through three main mecha-
nisms: (1) Thermal compression such as in sorption technologies, (2) kinetic energy driven
compression such as in ejector systems, and (3) mechanical compression. In the following
section, different TDHP concepts based on the compression mechanisms mentioned above
are presented. The concepts are focused on domestic heating applications in the 40 kW power
range, corresponding to a multi-dwelling residential building.
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Figure 1.3 — Schematic layout of an Absorption Heat Pump (AHP) and its main components

1.2.1 Sorption technologies

For TDHPs the literature and the industrial market usually refer to sorption technologies, and
particularly Absorption Heat Pumps (AHPs), which are represented in Figure 1.3. The working
principle of a AHP is similar to a vapor compression heat pump since it uses a refrigerant
that is evaporated at low pressure and condensed at high pressure, at the difference that
no mechanical vapor compression is involved. The compression is made in three steps:
First, the refrigerant is absorbed in a liquid sorption medium or absorbent at low pressure.
The refrigerant-absorbent solution is then pumped to the high pressure level. Finally, the
refrigerant is separated from the sorption medium (or desorbed) at high pressure in the
generator (or desorber) by mean of heat addition. It is referred as a thermal compression
mechanism. AHPs are free from the inherent problems due to rotating parts (wear, lubrication,
and maintenance) but are unable to perform electrical power generation (cogeneration).

The selection of the working fluid pair is a key parameter for AHPs. Several working fluids
are proposed in literature [4], but the most widely used refrigerant/absorbent pairs are water-
lithium bromide (H,0O-LiBr) and ammonia-water (NH3-H»0). The (H,O-LiBr) refrigerant pair
is attractive for its low cost, high chemical stability, and its high environmental compatibility.
Its application is, however, limited due to inherent challenges related to refrigerant freezing
and solution crystallization, confining their use to low temperature lifts and high evaporating
temperatures. In contrast, the ammonia-water (NH3-H,O) pair does not crystallize or freeze
even at temperatures below -40°C. The latter can, therefore, be used for both cooling and
heating applications within a wide operational range [5, 6]. The efficiency of AHPs can be
further improved by the addition of generators (number of effects) or evaporator/absorber
pairs (number of stages). Nevertheless, the efficiency increase comes with the penalty of
additional cost and system complexity [7].
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Nowadays, AHP products operating with (NH3-H,O) are launched in the low to mid capacity
range (between 5 kW and 50 kW) for applications such as residential heat pumps or chillers
driven by solar or waste heat [8]. Manufacturers such as Robur 13 and Bosch 4 provide
absorption systems for residential applications with heating capacities around 40 kW and
nominal COPs in heating mode of 1.65 (air source at 7°C for heating water at 35°C). However,
this technology is penalized by the selection of its refrigerant pair. The toxicity of ammonia on
the environment [9] and health [10,11], as well as its flammability and corrosion hazard, lead
to the necessity of having additional safety measures and more complex maintenance.

More recently, new working fluid pairs have been investigated to overcome the safety issues
of ammonia, for example by replacing the refrigerants or the absorbents by ionic liquids [12].
Ionic liquids are salts which are in the liquid state at near or below room temperature. They are
appreciated for their unique properties, such as negligible vapor pressure, non-flammability,
thermal stability, and good solubility. AHPs with ionic liquid pairs have, however, not reached
the market yet.

Other sorption systems are adsorption heat pumps. In principle, they are similar to AHPs,
mainly by presenting the same heat exchanger network configuration. They differ, however,
by having the refrigerant adsorbed in the pores of a solid material instead of a liquid medium.
Hence, adsorption heat pumps operate discontinuously. On the contrary to liquid absorbents,
which are continuously pumped from the absorber to the desorber, the solid adsorbent cannot
be moved quickly between the two heat transfer units. It leads to phases where the adsorbent
must be regenerated, which decreases the heating/cooling production and hence depreciates
the efficiency of the cycle [13]. Nonetheless, these systems are now reconsidered as they
operate without moving components and offer a higher power density than AHPs in the 10 kW
range [13]. Recently, heating system manufacturers Viessmann and Vaillant have developed a
first commercial adsorption heat pump with a heating capacity between 1.8 and 11 kw 1° 16,
This product is, however, not yet available on the market.

1.2.2 Ejectors

Ejector Refrigeration Systems (ERS) are TDHPs operating at three levels of temperature and are
currently investigated for cooling and heating capacities ranging from 0.5 [14] to 36 kW [15].
As shown in Figure 1.4, ERS are composed of an evaporator, a condenser, a generator, and an
ejector. In the ejector, the high pressure fluid leaving the generator expands and accelerates
through a supersonic nozzle placed in a suction chamber. The high-velocity fluid drives the
low pressure fluid coming from the evaporator, before the two streams mix and condense.

13hrtp://\\r\\w. robur.com/
14l1rtps: /lwww.bosch-industrial.co.uk/products/renewables-range/ghpawo38.html
15http://trends.archiexpo.com/viessmann/project-789-224262.html

18http://www.bine.info/fileadmin/content/Publikationen/Projekt-Infos.html
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Figure 1.4 — Schematic layout of an Ejector Refrigeration System (ERS) and its main compo-
nents

At the condenser exit, a fraction of the liquid refrigerant is expanded to the evaporator through
a valve, and the other fraction is pumped to the generator. ERS are advantageous since they
are not using any moving mechanical parts while having a high power density. However, the
performance of ERS is low compared to conventional heating systems [16]. Various attempts
have been made to enhance the performance of ERS by optimizing geometry features such
as the nozzle area ratio and nozzle exit position. Nonetheless, since the optimum geometry
features are strongly dependent on the operating conditions [16], ERS have difficulties to
operate appropriately at off-design conditions. ERS configurations with additional jet pumps
[17] or multi-stage evaporators [18] are proposed to adapt better to the nominal conditions. Yet,
one of the most promising applications of ERS is when they are combined with conventional
refrigeration systems with the goal of enhancing their efficiency. Sozen et al. [19] presented
the combination of an ERS with a solar driven AHP, in which an ejector located between the
absorber and the evaporator enabled COP improvements up to 20%. Similarly, as proposed
by Sokolov et al. [20] and Zhu et al. [21], ERS increase the performance of vapor compression
refrigeration cycles by taking over a part of the required pressure rise. While ERS are now
triggering the interest of manufacturers such as DENSO !7, they remain scarcely available on
the market.

17http:/ /www.globaldenso.com/en/newsreleases/090519-01.html
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Figure 1.5 - Schematic layout of a Gas Engine driven Heat Pump (GEHP) and its main compo-
nents

1.2.3 Gas Engine driven Heat Pumps

Gas Engine driven Heat Pumps (GEHPs), which are represented in Figure 1.5, consist in the
combination of a typical vapor compression heat pump cycle in which the compressor is
driven by a gas-fueled internal combustion engine. These systems are available on the market
for heating capacities between 25 and 80 kW '8 19 The internal combustion engines have
efficiencies in the order of 30%. Nonetheless, the waste heat of fuel combustion (exhaust
gases and engine cylinder jacket) can be recovered up to 80% [22] through the gas to water
heat exchanger. GEHPs have emerged in the last decades to reduce the Primary Energy Ratio
(PER) of conventional heating systems. Brenn et al. [23] have compared GEHPs and EDHPs
for building purposes, and have concluded that they yield the same PER and CO, emissions
over a heating season. Moreover, GEHPs can provide cogeneration since a part of the engine
work can be converted into electricity. However, GEHPs are limited on the choice of the heat
source, on the contrary to other TDHPs such as the AHPs, and thus preventing them from
operating with low grade and renewable heat sources. Moreover, although there were a lot of
investigations made on the energy analysis of GEHPs, studies on exergetic efficiency are still
scarcely addressed in literature [22].

18htlp: / lwww.aisin.co.jp/

19hllps://\\f\\'\\nmn mar.com/
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Figure 1.6 — Schematic layout of a HP-ORC and its main components in its (a) coupled and (b)
uncoupled configuration

1.2.4 ORC driven Heat Pumps

An alternative TDHP technology consists in the combination of a power cycle to drive a
vapor compression Heat Pump (HP), such as the Organic Rankine Cycle (ORC) driven Heat
Pumps (HP-ORC). This technology is very similar to GEHPs, at the difference that the HP
loop is driven by an ORC, as shown in Figure 1.6a, in which the turbine of the ORC drives the
compressor of the HP directly. This technology is the main focus of this thesis. In the primary
configuration presented here, the turbine and compressor are supported on the same shaft. In
addition, the two cycles share the same condenser, and hence the same working fluid, offering
a compact solution. Moreover, driving the vapor compression cycle with an ORC allows the
use of low grade energy sources, such as biomass, waste heat or solar thermal, while having
the possibility of providing cogeneration. For heating purposes, the HP-ORC systems have,
therefore, a significant advantage compared to cogenerating ORC systems since they offer
higher efficiencies while enabling trigeneration (electricity, heating, and cooling).

Another possible HP-ORC configuration consists in dissociating the ORC and HP loops, con-
necting them through an electrical transmission as shown in Figure 1.6b. Since the working
fluid can be chosen independently in each loop, this configuration offers higher design and
operational flexibility. Nonetheless, due to the presence of additional components (power
conversion units and condensers), higher investment costs may be encountered.

10
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Table 1.2 - ORC driven Heat Pump (HP-ORC) concepts in literature

Type COP| Application Tsink| Teordl Thot! Reference
- - [°C] | [°C] | [°C]
Experimental | 1.17 | Heating[12kW] | 4 57 229 | Strong [24]
Experimental | 1.6 | Heating[100kW]| 12 27 145 | Biancardi [25]
Theoretical | 1.32| Cooling[N.A.] 10 45 100 | Kaushik [26]
Coupled Theoretical 1.55 | Cooling[N.A.] 7 38 300 | Jeong [27]
Theoretical | 0.47| Cooling[N.A.] 5 40 80 | Aphornratana [28]
Theoretical 0.4 | Cooling [N.A.] 5 40 80 | Li[29]
Experimental | 1.48 | Heating[40kW] | 5 35 100 | Demierre [30]
Experimental | 0.5 | Cooling[N.A.] 35 7.2 | 102 | Prigmore [31]
Theoretical 1.5 | Heating[5kW] 24 67 190 | Wang [32]

Uncoupled

Table 1.2 summarized the different concepts of HP-ORC existing in literature. The concept
has been first investigated by Prigmore et al. [31], with the testing of a solar driven residential
air conditioning system prototype, operating with R113a and R22 in the ORC and HP loop,
respectively. They measured a cooling COP of 0.5, which in 1975, was competing with absorp-
tion cycles. Later, Strong [24] designed a domestic HP-ORC using R114 in the two loops. The
system used a CTU composed of a radial inflow turbine coupled to a single-stage centrifugal
compressor rotating on gas bearings. Strong has achieved a measured heating COP of 1.17 for
a heating output of 12.3 kW, condensing temperature of 57°C, HP evaporation temperature
of 4°C, and rotational speeds up to 164 krpm. Unfortunately, issues with gas bearings have
resulted in limited experimental data. Biancardi et al. [25] have tested a similar concept with a
100 kW solar driven HP-ORC, achieving heating COPs ranging from 1.4 to 2.5, with condensing
temperatures up to 66°C and HP evaporation temperatures of 20°C, at the difference that
rolling element bearings could be used.

Later, Kaushik et al. [26] performed theoretical studies on vapor compression systems driven
by steam Rankine cycles. They tested various heat integration solutions and showed that
implementing regenerative heat exchangers allowed to improve the efficiency significantly.
Jeong et al. [27] investigated a HP-ORC in which the ORC expander and HP compressor
are coupled on the same shaft, leading to more compact solutions with fewer design issues
regarding sealing. They have shown that R123 achieved the highest theoretical efficiency
when used in both thermal loops. Li et al. [29] investigated HP-ORCs running with natural
refrigerants for their lower GWP (Global Warming Potential) than conventional working fluids,
showing that R600 (n-butane) was the most promising one. Aphornratana et al. [28] proposed
a HP-ORC system using a linear piston compressor/expander, allowing the system to operate
with hot sources as low as 60°C. They showed that R22 resulted in higher COP than R134a and
that the area ratio between the expander and the compressor pistons is critical to optimize
the system performance. Wang et al. [32] investigated a 5 kW HP-ORC powered by renewable
fuels reaching a theoretical cooling COP of 0.66, with condenser air temperature of 67°C and
evaporator air temperature of 24°C. In their system, the ORC scroll expander drives a power
generation unit that is used to drive the HP scroll compressor.

11
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More recently, Demierre et al. [30] presented a 40 kW HP-ORC using a gas bearing supported
Compressor Turbine Unit (CTU) running on R134a. Their system is similar to the one devel-
oped by Strong [24], avoiding, however, gas bearing issues as a result of a better choice of rotor
and bearings material, hence limiting the risk of high-speed rotor seizures. They measured a
heating COP of 1.48 with a condensing temperature of 35°C and HP evaporation temperature
of 5°C, with rotor speeds up to 200 krpm. This prototype showed encouraging results for the
technology, which combines high power density, high efficiency, and oil-free operation.

1.2.5 Summary

Different TDHP (Thermally Driven Heat Pump) concepts have been presented. The ORC
driven Heat Pump (HP-ORC) is the target technology of this thesis and is qualitatively com-
pared to the other TDHP concepts in Table 1.3. Domestic heating applications in the 40 kW
power range are considered. The comparison criteria are performance, ability to perform
cogeneration, the flexibility on the heat source selection (low grade and renewable), and the

maturity of the technology.

All TDHP technologies yield similar performance, apart from the ejectors which are signifi-
cantly lower. On the contrary to GEHPs (Gas Engine driven Heat Pumps), which are restricted
to gas and liquid fossil fuels, the other TDHP technologies have a broader choice in the se-
lection of their heat source, which can be renewable and at low temperature. Nonetheless,
HP-ORCs are usually more limited by the heat source since they require a sufficient temper-
ature at the turbine inlet to avoid liquid droplets, which may lead to premature wear and
suboptimal operation. Furthermore, only HP-ORCs and GEHPs can provide cogeneration, giv-
ing them a considerable advantage compared to AHPs (Absorption Heat Pumps) and ejectors.
Although they are still in the prototype phase, HP-ORCs are highly promising since they offer
similar performance compared to AHPs and GEHPs while having flexibility on the heat source

and being able of providing electricity.

Table 1.3 —- Summary of the different TDHP concepts: 1 = Suitable/Good, 0.5 = Suitable/Poor, 0
= Not applicable
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1.3 HP-ORC based on gas bearing supported turbomachinery

The principle of the HP-ORC is explained in Figure 1.6. The system is composed primarily of
heat exchangers units (HP/ORC evaporators and condenser(s)), a Compressor Turbine Unit
(CTU), a pump, an expansion valve, and external sources (heat source at the ORC evaporator,
cold source at the HP evaporator, and the heat sink at the condenser). The following section
details the characteristics and main features of these components, except for the expansion
valve, which is the same as in conventional electrically driven heat pumps.

1.3.1 External sources

The HP-ORC heat source can be fossil-based, biomass-based (wood), solar thermal or waste
heat from a cogeneration unit, fuel cell or industrial process. The medium type for the sink
and the cold source is either brine/water or air. Brine/water systems, such as in the Ground
Source Heat Pumps (GSHPs), are commonly more efficient due to the higher heat transfer
coefficient of water and brine compared to air. Moreover, when the considered cold source is
air, the seasonal HP efficiency is significantly reduced in Winter due to the variation of the
outside air temperature. GSHPs are, however, more expensive since they require the drilling of
a ground heat exchanger.

1.3.2 Heat exchangers

In residential heat pumps, most of the heat exchangers are Plate Heat Exchangers (PHEs) for
their high efficiency, low cost, and high compactness [33]. In ORC systems, PHEs are also
widely used for the same reasons 2°. However, when high pressures are combined with high
temperatures, such as in the ORC evaporator, PHEs can be challenging on both safety and
lifetime considerations due to high mechanical and thermal stress 2! 22, To address these
issues, the alternative for the HX selection is the shell tube or double tube coil type [33]. These
two technologies have, however, increased cost, size, and mass [34]. PHEs are thus preferred,
provided sufficient material resistance.

1.3.3 Compressor Turbine Unit

The HP-ORC is based on the combination of an ORC and HP cycle, in which the ORC expander
drives the HP compressor directly. The proper selection of the expander and the compressor
technology is, therefore, essential. In this thesis, a gas bearing supported Compressor Turbine
Unit (CTU) is considered. It is composed of a radial inflow turbine and a centrifugal compres-
sor which are integrated on the same shaft [35]. The shaft is supported on two radial bearings
and one axial bearing.

20https:/ 'www.swep.net/applications/ case-stories/clean-power-when-orc-system-recovers-waste-heat/
21 https://www.swep.net/solutions/co2/

22https:/ /www.swep.net/products/b18/
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Figure 1.7 — Schematic of the HP-ORC CTU

Figure 1.7 shows the schematic of the system. The following section explains why these
technological features have been chosen.

Expander/Compressor selection

Currently, small capacity ORC and HP cycles are predominantly using volumetric expander
and compressor technologies, which are mainly scroll, screw, and reciprocating machines
[36,37]. These systems are praised for their low cost, high robustness, and reliability. However,
the disadvantage of such expansion and compression devices is that they require oil for
lubricating the moving parts and for sealing purposes. Zehnder [38] showed that oil from the
compressor is likely to migrate through the cycle. If the oil supply is ill-managed, the loss of
lubrication in the compression unit could ultimately lead to the system seizure. Furthermore,
the heat exchanger efficiency decreases due to the oil pollution. The latter effect is due to the
thermodynamic properties differences between oil and organic working fluid regarding the
evaporation temperature and viscosity, which implies decreasing heat transfer coefficients
and increasing pressure losses [39,40].

The use of dynamic machines is, therefore, a promising way of increasing efficiency. Indeed,
their operating principles do not involve parts sliding against each other, except for bearings,
where contact-less technologies such as magnetic bearings or gas bearings can be used.
Moreover, dynamic machines offer higher power density and higher theoretical efficiencies
compared to volumetric machines, which are limited by their volume ratio capacity, and
hence see their performance depreciated at off-design conditions [41]. Nonetheless, for low
power applications, dynamic machines tend to be small-sized and need to run at very high
speed, which increases the design complexity [42]. Recent developments in small-scale oil-free
dynamic centrifugal compressors [43] and radial inflow turbines [35] integrated into vapor
compression heat pumps and ORCs demonstrated that isentropic efficiencies up to 80% with
pressure ratios of 3 and 4.5 could be reached. These systems are supported on gas lubricated
bearings, which allows operating without oil lubrication.

14
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Bearing selection

An essential technical constraint of the compression/expansion device lies in the selection
of proper bearings, which depends on the expected system lifetime, maintenance, rotational
speed ranges, and radial loads. Rolling Element Bearings (REBs) are widely used to support
volumetric machines, such as scroll compressors and screw expanders. REBs are, however,
generally not suitable for supporting dynamic machines that run at much higher rotor speeds
than volumetric ones. Moreover, REBs operate at the condition of being continuously lubri-
cated, implying oil pollution in the thermal cycle. The alternative is to implement contact-less
technologies such as Active Magnetic Bearings (AMBs) or Fluid Film Bearings (FFBs). Since
they allow operating oil-free, contact-less bearings ensure a theoretically infinite lifetime and
thus a zero-maintenance. AMBs present large load capacity and stability owing this to their
active control system but are, however, bulky and expensive. FFBs are categorized as externally
pressurized and as dynamic self-acting bearings. Since externally pressurized bearings rely
on a constant supply of pressurized fluid to carry the load, they are not appealing for energy
conversion applications. One of the most used dynamic self-acting FFBs are Herringbone
Grooved Journal Bearings (HGJBs) for their lower cross-coupled stiffness and high viscous
damping, and hence enhanced stability compared to plain bearings [44,45]. HGJBs have been
selected for this thesis work.

1.3.4 Pump

The selection of a suitable ORC pump technology is challenging. The chosen pump must
deliver the required mass flow and pressure difference while ensuring an oil-free environment,
which is one of the key arguments of using a gas bearing supported CTU. Very few pump data
are available, on the market and in literature, in the regions where small capacity ORCs are
operating, which are defined by low volumetric flow rates and high pressure ratios [41]. The
most widespread liquid pump technologies are the diaphragm, the centrifugal, and the piston
pumps. The diaphragm pumps, which are activated by piston compressed oil, are robust and
can achieve high pressure differences but can pollute the cycle. The centrifugal pumps are
less likely to contaminate the system with oil but need many stages to achieve high pressure
differences, thus increasing the cost and the size of the system. Piston pumps, which are
widely used in the water-pumping industry, are a promising alternative, provided that they
can achieve sufficient hydraulic lubrication with the working fluid without the use of oil.
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Figure 1.8 — Picture of the CTU including the centrifugal compressor (left), the shaft and
bearings (center), and the radial turbine (right)
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Figure 1.9 - Picture of the HP-ORC prototype as tested by Demierre et al. [30]

1.4 Experimental proof of concept

A first prototype of a HP-ORC operating with a small-scale gas bearing supported CTU (Com-
pressor Turbine Unit) has been designed and tested by Demierre et al. [2,35]. The CTU is
composed of an 18 mm radial inflow turbine made of steel, coupled to a 20 mm centrifugal
compressor made of aluminum. The compressor and turbine are connected through a gas
bearing supported shaft made of Tungsten Carbide. Figure 1.8 shows a picture of the current
CTU, with the compressor on the left and the turbine on the right. This CTU design is based
on a domestic HP compressor investigated and tested by Schiffmann [46], on which a radial
turbine has been adapted to replace the compressor motor.
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1.4. Experimental proof of concept

Figure 1.9 shows a picture of the first version of the HP-ORC prototype. The unit was tested with
R134a for different operating conditions including HP evaporation temperatures, condensing
temperatures, and ORC evaporation temperatures. Two condensers have been implemented
instead of a single one to have more operational flexibility between the ORC and HP loops.
The ORC evaporator is composed of three Double Tube Coil (DTC) heat exchangers in parallel,
heated up by thermal oil Syltherm XLT. The HP evaporator and condensers are Plate Heat
Exchangers (PHEs), supplied by cooling water. The highest performance has been achieved
at a COP in heating mode of 1.58, with an HP evaporation temperature of 20°C, an ORC
evaporation temperature of 100°C, a condensing temperature of 36°C, a rotational speed of
147 krpm, and turbomachinery efficiencies up to 70% [35]. These results suggest a promising
preliminary test phase since they consist in the first proof of concept for HP-ORCs based on
gas bearing supported turbomachinery.

However, several issues have been encountered during the experimental investigation.

* The refrigerant was not entirely evaporated at higher mass flow rates in the ORC evapo-
rator. The three DTCs have then been installed in series rather than in parallel.

* The current ORC evaporator design is undersized since the system could not provide
temperatures above 120°C at the turbine inlet.

* High leakage rates have been encountered in the CTU, from the turbine inlet (90 to
120°C) to the compressor outlet (35 to 45 °C). This leakage rate has been estimated
at 15% of the turbine mass flow rate through an energy balance around the bearing
cavity [35].

* In addition to the mechanical power loss triggered by the fluid leakage, thermal leakages
have most likely been encountered [35]. Indeed, the preliminary results showed that the
compressor isentropic efficiency was lower than the 1D model prediction and than the
results achieved with the same compressor driven by an electrical motor [43].

* The mass flow measurement was missing in the HP loop due to a limited sub-cooling
after the HP condenser.

* The turbine was adapted to a centrifugal compressor previously designed by Schiffmann
[47]. An adequate integrated CTU design is currently missing, suggesting a certain
potential to improve the CTU performance.
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Figure 1.10 — Pareto front of a two-objective optimization

1.5 Optimization and design of complex energy systems

The optimization of energy and mechanical systems is complex. Such problems usually have
more than one objective to satisfy and are so-called Multi-Objective Optimization (MOO)
problems. The optimum solutions are located on a Pareto frontier, which represents the
solutions offering the best trade-off between the considered competitive objectives. An
example of a typical Pareto front is depicted in Figure 1.10, in which the two conflicting
objectives cost and performance are minimized and maximized, respectively. Furthermore,
the optimization of energy and mechanical systems deals with models presenting different
local optima and regions where no solution is possible due to physical constraints (compressor
surging, bearing seizure, fluid decomposition due to too high temperatures,..). Moreover,
mechanical design problems are often characterized by a large number of decision variables.

Evolutionary algorithms such as the Queuing Multi-Objective Optimization (QMOO) devel-
oped by Leyland are well-indicated for performing the integrated design optimization of such
systems [48,49]. Starting from a random population of solutions, QMOO converges towards
the optimum Pareto frontier by applying individual selection inspired from biologic evolution,
such as recombination, crossover, and mutation, while continuously removing individuals
that do not fit at best the two objectives. These algorithms allow finding the best trade-off
between conflicting objectives while exploring the whole design space.

The HP-ORC based on gas bearing supported turbomachinery is a highly complex system
(various components such as heat exchangers, dynamic turbomachinery, and self-acting gas
bearings) that is characterized by conflicting objectives of performance, cost, and feasibility.
Since the integrated design optimization of the technology is currently missing, QMOO has
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been used in this thesis work for providing optimum integrated designs, and hence, for
assessing the potential of the system.

The drawback of evolutionary algorithms, such as QMOO applied to such complex problems
as HP-ORG s, is that a large number of function evaluations to obtain satisfactory convergence
isrequired. Therefore, the models that are implemented for the different HP-ORC components
need to be accurate and of reduced order to mitigate the evaluation computation time.

1.6 Objectives and structure of the thesis

The goal of this thesis is to answer the following question: What are the potential and chal-
lenges of the ORC driven Heat Pump concept (HP-ORC) based on gas bearing supported
turbomachinery?

The work is divided into four chapters in which the specific objectives are presented as follows.
Figure 1.11 represents a graphical summary of the thesis structure.

Chapter 2: Pre-design models for small-scale radial turbomachinery

Accurate and reliable reduced order models for the various system components are highly
beneficial for improving the automated design process. Such models are, however, currently
missing for small-scale radial turbomachinery. Hence, updated reduced order models for
small-scale radial inflow turbines and centrifugal compressors are developed in a first step.
The objectives of chapter 2 are:

1. Updated 0D turbomachinery models allowing a quick and accurate pre-design phase

2. Insights into the aerodynamic phenomena that govern the turbomachinery perfor-
mance

3. Identified dimensions that have a major role in the design of small-scale turbomachinery

Chapter 3: Integrated design optimization of the Compressor Turbine Unit

Using the turbomachinery pre-design models developed in chapter 2, the integrated design
optimization of the CTU is performed in this third chapter. The objectives of chapter 3 are:

1. The predicted stability/performance gain obtained by using integrated design optimiza-
tion procedures compared to the proof of concept prototype
2. Design guidelines for small-scale gas bearing supported turbomachinery

3. Insights into the robustness of gas bearing supported turbomachinery regarding off-
design effects, fluid leakage, tip clearances, and manufacturing errors
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Chapter 4: Integrated design optimization of the HP-ORC cycle

Chapter 4 deals with the thermo-economic optimization of the HP-ORC cycle, including the
design of the small-scale turbomachinery based on the reduced order models presented in
chapter 2. The objectives are:

1. Thermo-economic optimum cycle design solutions of the HP-ORC

2. The potential of the technology towards other TDHPs such as Absorption Heat Pumps

3. The predicted cost/performance gain provided by the optimization procedure compared
to the proof of concept cycle

Chapter 5: Application examples

In chapters 2 to 4, new reduced order models and optimization strategies are put in place
for investigating the potential of the HP-ORC technology based on gas bearing supported
turbomachinery. In chapter 5, all these tools are combined and applied to three application
examples. The objectives of chapter 5 are:

1. Proven and efficient optimization procedure providing cycle and CTU designs with
maximum performance, minimum investment cost, and proven feasibility

2. An assessment potential of the technology in domestic heating, agricultural greenhouse
heating, and air conditioning of helicopter cabins
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Figure 1.11 — Graphical summary of the thesis structure and objectives
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¥4 Pre-design models for small-scale
radial turbomachinery

This chapter aims at providing updated turbomachinery pre-design models since the ones
available in literature are more and more challenged, in particular for small-scale systems
operating with organic media.

The updated reduced order models for evaluating small-scale radial turbomachinery are
obtained from the evaluation of experimentally validated 1D models, which are fed with a
set of equally distributed thermodynamic and geometrical variables through a Monte Carlo
simulation.

Section 2.5 presents an updated pre-design model for transonic radial inflow turbines. The
efficiency contours are described by a polynomial function ;s = f(Ns, Ds, PR), where Ns
and Ds are the specific speed and diameter, and PR is the pressure ratio. The aerodynamic
phenomena that are shaping the Ns-Ds contours are presented in section 2.5.4. A sensitivity
analysis performed in section 2.5.5 identifies the key design variables and presents a compari-
son towards the current efficiency chart of Balje. Finally, an external validation of the turbine
pre-design model is shown in section 2.5.6.

Section 2.6 carries out the same procedure for providing a pre-design model of centrifugal
compressors. Amodel ;s = f(IVs, PR, () is built, where { = lr’—: is the compressor blade height
to tip radius ratio. An analysis of the phenomena shaping the efficiency contours of the pre-
design model is presented in section 2.6.3. A sensitivity analysis of the updated compressor
model and a comparison with existing literature are presented in sections 2.6.4 and 2.6.5. The
influence of the working fluid and the model validation are discussed in sections 2.6.6 and
2.6.7.

In this chapter, the proposed turbomachinery pre-design models are indicated with the
following terminologies, which are equivalent: Pre-design model, pre-design map, efficiency
map, performance map, reduced order model, and 0D model.

By default, the isentropic efficiency 7; refers to the total-to-total isentropic efficiency.
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Chapter 2. Pre-design models for small-scale radial turbomachinery

Part of the work presented in this chapter has been published in:

* Mounier V,, Olmedo L.E., Schiffmann J., Small scale radial inflow turbine performance
and pre-design maps for Organic Rankine Cycles. Energy 2018

* Mounier V,, Picard C., Schiffmann J., Data-driven Updated Pre-design Tool for Small
Scale Centrifugal Compressors In Refrigeration. Turbo Expo: Power for Land, Sea, and
Air, Oslo, 2018, accepted with journal recommendation

2.1 Introduction

Various authors have contributed to the optimization of ORC and HP cycles, mainly by inves-
tigating optimum working fluids towards a specific application [50-55]. Often, they do not
include any design features of the compressor/expander and impose fixed isentropic efficien-
cies instead, regardless of the operating condition. Nonetheless, as shown recently by Mounier
et al. [56], coupling the thermodynamic optimization with the ORC turbine/HP compressor
preliminary design offers valuable insights into the trade-off mechanisms. In previous work
by Demierre [2] and Schiffmann [47], 1D models have been built for radial inflow turbines and
centrifugal compressors and both validated with experimental data. The motivations behind
these 1D simulation tools were to provide optimal and accurate turbomachinery solutions
when integrated into complex thermodynamic simulations. Although the 1D evaluation is
much faster than the other design steps such as the 2D or 3D approach, its computation time
may remain too large when embodied in integrated design optimizations. An alternative is to
use a 0D model, or a pre-design model, usually based on polynomial functions, and hence
orders of magnitude faster. In literature, the most widely used pre-design methods are the
performance maps proposed by Balje [57] and Cordier [58], which are both based on similarity
concepts. These design charts were obtained assuming air as a working fluid and applied
to large-scale applications. As a consequence, these pre-design models are more and more
challenged since they are most likely not suitable for small-scale turbomachinery operating
with organic working fluids. The goal of this chapter is to propose newly tailored pre-design (or
0D) models for radial turbines and centrifugal compressors, generated through experimentally
validated 1D models. These models will be used in the following chapters of the thesis to
tackle the optimization of the HP-ORC.

2.2 Small-scale turbomachinery: Terminology

In this chapter, updated reduced order models for small-scale radial turbomachinery are
proposed. Literature usually refers as small-scale turbomachinery systems which have a
shaft mechanical power in the range [100-10°000] W. In this thesis, small-scale is restricted
to systems above 1 kW of shaft mechanical power, such as the one presented by Demierre et
al. [35] (2 kW turbocompressor at 200 krpm) which is well adapted to domestic refrigeration
applications. The Reynolds numbers for the [1-10] kW power range are in the order of Re = 10°.
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Figure 2.1 — Main steps of the turbomachinery design process

2.3 Classic design steps for turbomachinery

The turbomachinery design undergoes four major steps, each of them adding more geometri-
cal details.

* 0D design yields the overall scale of the compressor/turbine with a first estimation of
the tip diameter, the rotor speed, and the efficiency. This step is based on performance
maps and Cordier lines.

* 1D design or mean-line design adds geometrical information on the inlet and the
exhaust areas of the turbomachinery design and allows predicting operation maps and
efficiency, based on loss correlations.

* 2D design enables through-flow calculations, often based on the streamline curva-
ture methodology, to define and tune the complete rotor blade geometry between the
inlet and the exhaust. At this stage, the geometry of the turbomachinery is entirely
determined, including channel passage and blade angles along the streamline.

* 3D design allows analyzing and optimizing detailed flow patterns. The 3D design
approach is the most accurate but also the most expensive in computational time,
which makes it unpractical for integrated optimization procedures.

The typical turbomachinery design process summarized in Figure 2.1 is complex and highly
iterative. Hence, the initial 0D pre-design stage has to be accurate since the better the initial
guess, the faster the procedure converges to an optimal design.
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Chapter 2. Pre-design models for small-scale radial turbomachinery

The Cordier line [58] is commonly used for the pre-design of centrifugal compressors [59].

It is built from the analysis of existing centrifugal compressors and displays — in a specific

speed Ns and specific diameter Ds diagram — the configurations of machines achieving best

efficiency. More recent expressions for the Cordier line are given by Bommes et al. [60] and

Giilich [61] for radial machines (compressors and pumps), and by Casey and Marty [62] for

industrial multi-stage compressors with shrouded impellers. Regarding the pre-design of

radial turbines, the Ns-Ds performance maps presented by Balje [57] are usually preferred.

These pre-design methods are based on the principle of dimensional analysis and offer a

convenient and practical approach to predict sizing, rotor speed, and performance when

operating at nominal conditions. However, these methods are challenged for the following

reasons:

26

* Reduced scale The pre-design methods found in literature are valid for large-scale ma-

chines (Re = 10%) [57]. Capata et al. [63] proposed a re-scaling of the original Balje
maps for small-scale radial turbomachinery (Re = 10°) by applying a Stodola correction
factor fitted with CFD simulations. The numerical results suggest a 14.4 to 10-point effi-
ciency drop compared to the original Balje maps. Therefore, it is likely that the current
pre-design methods are not valid for small-scale turbomachinery. As summarized by
Schiffmann [47], this is due mainly to increased relative roughness, larger tip clearances,
and non-adiabatic effect [64, 65].

Influence of the working fluid The current pre-design tools are obtained for non-
organic media (air and combustion gases). Therefore, they are often challenged when
organic working fluids are targeted [66] since they present higher expansion ratios (high
Mach number) and are subject to real gas effects. Da Lio et al. [67,68] proposed tailored
performance maps for single-stage axial stage turbines, based on the most recent loss
correlations. They have shown that, while the axial turbine performance maps follow
the same qualitative trend for different organic working fluids, efficiency deviations in
the order of 1.5% are predicted from one fluid to the other. Furthermore, the effect of the
working fluid on current compressor pre-design models is barely addressed in literature.

Validity of the design The shortcomings of the current pre-design approaches are that
little information about the conditions at which the best compressors and turbines were
tested (machine size, pressure ratio, and operating limits) is available. The feasibility
and optimality of the obtained pre-design solutions are, therefore, not guaranteed.

Level of design detail With the usual pre-design methods, there is limited design infor-
mation available since only an indication of the optimum rotor speed and tip diameter
is given. Therefore, the designer is forced to use more complex and time consuming
design tools to extend the level of design detail.



2.4. Generation of the turbomachinery pre-design models

As a consequence, using the classic turbomachinery pre-design methods increases the risk
of a misleading design starting point, hence leading to an unnecessarily high number of
time-consuming design iteration steps. To address these shortcomings, the generation of
updated pre-design models for small-scale turbomachinery are proposed, with the goal of (1)
obtaining more accurate models and (2) extending the design information.

2.4 Generation of the turbomachinery pre-design models

The fundamental requirement of a turbomachinery pre-design model is to provide an accurate
and quick estimation of the turbomachinery efficiency and design parameters for a given duty.
Pre-design tools are surrogate models that are built from data obtained with more complex
models [69]. According to Schmidt et al. [70], these data-driven approaches make extensive
use of machine learning or evolutionary computation principles and show promising results.

The behavior of radial turbomachinery can be captured through experimental, 3D, 2D, and
mean-line (1D) analysis data. All of which could, in theory, be used to build a detailed data-
driven model [69]. Bamberger et al. [71] proposed a novel CFD data-driven design method
for a centrifugal fan impeller having a given operating rotor speed and tip diameter. Their
models allow meeting the design target with enhanced efficiency and higher accuracy than
with classic methods. However, since the data-driven approaches require a large number of
points to be sufficiently accurate, validated 1D models are better indicated than CFD models
since the performance of numerous turbomachinery designs and operating conditions can be
estimated within a reasonable amount of time and accuracy.

In this chapter, a Monte Carlo simulation approach is used to evaluate, through experimentally
validated 1D models, a dataset of randomly and equally distributed possible turbomachinery
design solutions. From this dataset, a reduced order model to predict the turbomachinery
performance is built using multi-variate polynomial functions.

Following best practice to describe turbomachinery behavior, the rotational speed w and the
turbomachinery tip diameter D are replaced with the dimensionless specific speed Ns and
diameter Ds, defined in equation 2.1 [57,59]. The volumetric flow rate V and the isentropic
enthalpy difference Ah;s characterize the turbomachinery duty, while w and D are the required
design variables to achieve this duty. This substitution reduces the complexity of the data-
driven models while capturing various possible turbomachinery operating conditions. The
volumetric flow rate is calculated at the compressor inlet and turbine outlet, respectively.

wV().S
Ns=——
Ahi50.75
(2.1)
D - DAhiSO.ZS
$= V0.5
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Figure 2.2 — Procedure for generating the turbomachinery pre-design models

The procedure for generating the turbomachinery pre-design models is summarized in Figure
2.2 when 200’000 equally distributed turbomachinery solutions (different geometry and ther-
modynamic conditions) are used to generate a model of the form n;5; = f(IVs, Ds). Ns and Ds
are the dimensionless form of the turbomachinery rotor speed and tip diameter.

Note that, in literature, other dimensionless parameters such as the head and flow coefficients
for compressors [59], and the volume expansion ratio and size parameter for turbines [72] are
commonly used. In this thesis, only the specific speed and diameter are investigated, hence
offering a direct comparison with the work of Balje [57] and Cordier [58].

2.5 Radial inflow turbine

2.5.1 Generation of the reduced order model

Figure 2.3 shows the radial inflow turbine layout, its main components and the geometry
parameters required for a mean-line (1D) evaluation. The considered 1D model developed in
MATLAB [73] has been validated both with CFD [2] and experimental data obtained with a
2 kW 18 mm tip diameter radial inflow turbine used in a HP-ORC running on R134a [35]. As
shown in Figure 2.4, the predicted turbine isentropic efficiency and the measured data yield a
deviation of +2.5% for pressure ratios below 4.2 and for rotor speeds ranging from 150 to 200
krpm, suggesting a good agreement between predicted and experimental data. However, for
pressure ratios above 4.2, the 1D model underestimates the turbine isentropic efficiency by up
to 10-pt.
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Figure 2.3 — 1D layout of a radial inflow turbine
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Figure 2.4 - Predicted and measured turbine isentropic efficiency for different turbine pressure
ratios as obtained by Demierre et al. [35]
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For the reduced order model used in this analysis, the aerodynamic performance is corrected
by loss correlations introduced by Baines [74]. These correlations account for (1) nozzle and
interspace losses, (2) incidence, passage, tip clearance and trailing edge losses on the rotor,
and (3) diffusion losses. The 1D model inputs are the turbine geometry and thermodynamic
conditions, and its output is the turbine performance assessed by the total-to-total isentropic
efficiency n;;. More details about the 1D radial inflow turbine code can be found in [2,35]. In
addition, the evaluated solutions are subject to the following constraints:

* The vapor quality must be above unity at each station within the turbine stage in order
to avoid flashing

¢ The turbine geometry needs to achieve the specified pressure ratio within a +0.5%
deviation

Table 2.1 presents the variables used for generating the turbine pre-design model. The turbine
tip diameter and rotor speed ranges have been set for a mechanical shaft power range of
[1-10] kW based on the existing Balje maps. The turbine inlet temperature is set to small-
scale ORC systems ranges. The turbine outlet pressure is calculated from ORC condensation
temperatures ranging from 20°C to 60°C while a variable pressure ratio from 1.5 to 8.5 sets
the turbine inlet pressure. Note, however, that the 1D mean line model was experimentally
validated with a good agreement for pressure ratios up to 4.2 (Figure 2.4). Nonetheless, higher
pressure ratios are considered for exploring a wider application range of the radial inflow
turbine, which is of particular interest when considering ORC driven Heat Pumps.

The other 1D dimensions are defined as constant values or as dependent parameters (diame-
ters, angles, blade heights, and blade number), and are selected based on design guidelines
given by Balje [57] and Baines [74]. Finally, it has been assumed that the turbine operates at
the onset of choke conditions in the transonic nozzle throat. This condition maximizes the
turbine stage work output and enables to achieve higher turbine pressure ratios. Therefore,
for each operating condition, the geometric nozzle outlet angle a3 is adapted in a way that
the choked mass flow at the nozzle throat is the same as the specified mass flow rate ri;,,p,
as proposed in equation 2.2, neglecting the effect of the nozzle blade trailing edge thickness.
With the use of advanced nozzle designs with variable throat areas [75], a radial turbine could
adapt to different choked mass flows, which is of particular interest at part load.

Anaz,choke
a3 = arccos
27r3bs(1 - Bthroat,noz) 2.2)
_ Mturb
Anoz,choke =

Pthroat,noz,choke Cthroa t,noz,choke

In equation 2.2, 0 tr0at,n0z,choke aAd Cthroat,noz,choke are the fluid density and absolute veloc-
ity at the nozzle throat in choked conditions. Bj,ro4r,n07 Tepresents the aerodynamic blockage
coefficient of the nozzle [2].
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2.5. Radial inflow turbine

Table 2.1 — 1D turbine inputs for the reduced order generation based on the original Balje maps
[57], small-scale ORC operating conditions, and geometrical design guidelines recommended
by Baines [74]

Term H Symbol | Range \ Unit
Model design variables
Rotational speed N 50-400 [krpm]
Rotor tip radius s 5-75 [mm]
Turbine Inlet temperature Tturbin | 90-250 [°C]
Condensation temperature || T¢ond 20-60 [°Cl
Pressure Ratio PR 1.5-8.5 [-]
Mass flow rate Miurb 20-400 lg.s™]
Fixed parameters
Nozzle inlet angle a 60 [deg]
Rotor inlet angle Ba 0 [deg]
Rotor outlet angle Be -60 [deg]
Rotor blades number Zplades | 9 [-]
Rotor splits blades number || Zp;;; 9 [-]
Nozzle blades number Znoz 5 [-]
Dependent parameters
Nozzle outlet blade height b3 0.1174 [mm)]
Nozzle inlet blade height b1 b3 [mm]
Rotor blade height by bs [mm]
Nozzle outlet radius r3 1.05571,4 [mm]
Nozzle inlet radius r 214 [mm]
Nozzle outlet angle as equation 2.2 [deg]
Rotor exit shroud radius Tes 0.714 [mm]
Rotor exit hub radius T6h 0.376; [mm]
Diffuser exit radius r7 1.17gs [mm]
Rotor radial clearance er max (0.08,0.02b4) | [mm]
Rotor axial clearance ey max(0.08,0.02b4) | [mm]
Rotor back-face clearance Chack max (0.08,0.02b,) | [mm]
Rotor length Lot 0.56714 [mm]

The Monte Carlo simulation was performed by using 65’000 randomly and equally distributed
geometrical and operational turbine configurations. Only the feasible solutions are kept for
generating a 6'" degree polynomial pre-design model as follows:

Nis,turb = f(Ns,Ds, PR) (2.3)

The data have been generated for four organic working fluids (R134a, R245fa, R152a, and
R600a). These working fluids present a wide range of critical temperatures (ranging from
101°C to 154°C) and speeds of sound (ranging from 157.7 and 221.6 m.s~! at Trurp,in =160°C,
Teond =35°C, and PR=4) in order to assess their effect on the turbine pre-design model.
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Figure 2.5 - Iso-efficiency contours in the Ns-Ds diagram generated at fixed pressure ratios
(colored lines) and for a varying pressure ratio (black line) for R134a working fluid

2.5.2 Influence of the pressure ratio

Figure 2.5 represents the 80% isentropic efficiency contours in a Ns-Ds diagram obtained
for fixed pressure ratios across the turbine and R134a working fluid. The surface of the iso-
efficiency contours is suggested to decrease while a shift towards lower specific diameters Ds
and higher specific speeds Ns is observed with increasing pressure ratios. In addition, while
the maximum Ns and minimum Ds seem unaffected by the pressure ratio, the maximum
specific diameter decreases and the minimum specific speed increases with pressure ratio.
The accuracy of the 0D performance map is affected when different pressure ratios are used
for its generation. Indeed, when using a polynomial fit with all points independently of the
pressure ratio (black line on Figure 2.5), the Ns and Ds values are averaged, meaning that the
isentropic efficiency gets underestimated at low pressure ratios, and vice versa at high pressure
ratios. To capture this effect, the turbine pressure ratio is included as an input variable of
the pre-design model. Using a multivariate 6! degree polynomial fitting, a new tailored
equation rating the total-to-total isentropic efficiency is built as a function of Ns, Ds, and PR
(nis = f(Ns, Ds, PR)). As highlighted in Figure 2.6, this model presents a R? over 0.985 and a
RMSE of 0.016. The polynomial equation of the model is provided in Appendix A.
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Figure 2.6 — Goodness of fit of the n;50p = f(INs, Ds, PR) model for R134a working fluid

In order to further simplify the turbine design, it is common practice to approximate the ideal
radial inflow turbine design variables along the “efficiency ridge”, which is often approximated
by the NsDs=2 curve [74]. This correlation, similar to the Cordier line for compressors, is
represented in Figure 2.7 for different pressure ratios. Although this correlation fits the original
Balje diagrams well, it leads to suboptimal designs when state-of-the-art turbine design
guidelines are considered (Table 2.1). As a consequence, a new set of polynomial equations
along the "efficiency ridge" estimating the isentropic efficiency (equation 2.4) and specific
diameters (equation 2.5) as a function of both pressure ratio and specific speed is introduced.
These equations are obtained by retrieving the optimum values of the isentropic efficiency n;
and specific diameters Ds for each value of Ns and PR.

Nis=0.45+1.64Ns—0.05PR—2Ns*+0.15NsPR +0.63Ns® —0.07Ns’PR

2 (2.4)
—0.003NsPR

Ds=9.42—-18.3Ns—0.16PR+17.8Ns* + 0.24NsPR + 0.001 PR?

(2.5)
—6.37Ns>—0.13Ns*PR + 0.001 NsPR?
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Figure 2.7 — Iso-efficiency contours in the Ns-Ds diagram generated at fixed pressure ratios
superimposed by the theoretical curve NsDs=2 for R134a working fluid

The resulting curves along the new “efficiency ridges” in the Ns-Ds diagram are also plotted
in Figure 2.7 highlighting the difference with the classic NsDs=2 curve. The selection of
the specific speed optimizing the turbine efficiency (equation 2.4) immediately leads to the
appropriate specific diameter and hence turbine tip diameter. However, this method might
depreciate the overall system design since the turbine diameter and speed might need to be
adjusted when additional constraints such as volume, mass or rotordynamic stability have to
be met.
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Figure 2.8 — Iso-efficiency contours in the Ns-Ds diagram for various pressure ratios and for
four organic working fluids suggesting only limited influence of the working fluid on the
efficiency contours

2.5.3 Influence of the working fluid

Figure 2.8 shows similar efficiency contours obtained for the investigated fluids as a function
of pressure ratio across the turbine. The maximum RMSE between the polynomial fits built for
each working fluid is equal to 0.012, which is below the accuracy of the pre-design model as
shown in Figure 2.6 (RMSE=0.016). This results in maximum average absolute deviations below
1-ptinisentropic efficiency from one fluid to the other. This corroborates with observations
by Da Lio [68]. Since these performance maps are used for pre-design purposes, the results
suggest that the proposed model based on R134a is reasonably well suited to a wide variety of
organic working fluids (critical temperatures ranging from 101 to 154 °C).
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2.5.4 Influence of the turbine loss mechanisms on the efficiency contours

In order to investigate and highlight the underlying phenomena leading to the characteristic
iso-efficiency contours shape in the turbine Ns-Ds diagram, the different loss mechanisms
are analyzed in detail. The losses are normalized with the isentropic enthalpy drop across the
nozzle or the rotor depending on their nature (stationary nozzle or rotor).

Nozzle and interspace passage losses

Figures 2.9a and 2.9b represent the relative nozzle and interspace passage losses for various
pressure ratios. The plots suggest that the overall turbine efficiency drops with high Ds values
due to the loss increase in the nozzle and the interspace passage (space between the nozzle
and the rotor). The Loss Ratio LR, defined by equation 2.6 for the nozzle stage, is a function
of ¢, which represents the nozzle/interspace loss coefficient defined by Baines [74] and is
defined by equations 2.7 and 2.8. The expressions for 0,0z, Cnoz, and sz, which are the nozzle
throat opening, nozzle blade chord length, and nozzle blade spacing, can be found in [2]. The
Reynolds number Re is based on the flow velocity and blade height at the nozzle throat.

2
LR = Ahloss,noz _ ECZ _ é (2.6)
Ahis,noz 2Ahis,noz f"' 1
2
C§ _ CZ,is _ 2Ahis,noz (2.7)
E+1 E+1
g 005 tan(as)” | Onoz (2.8)

Re2 Snoz! Cnoz b3

The nozzle losses are governed primarily by the geometric nozzle outlet angle a3, which is
adapted to obtain a choked flow at the specified mass flow rate (equation 2.2). With a diameter
increase and a volume flow rate reduction, which both lead to higher Ds values, the nozzle
outlet angle a3 grows, and the nozzle losses increase as a consequence. This effect is amplified
with the pressure ratio due to the higher density at the throat (equation 2.2). Therefore, for
a given mass flow, an increased pressure ratio decreases the required area (a3 increase) for
achieving choked nozzles.

The evolution of the relative interspace losses in the Ns-Ds diagram is represented for various
pressure ratios in Figure 2.9b. Similarly to the nozzle losses, the interspace losses are driven by
the absolute flow angle at the rotor inlet a4, which is governed primarily by a3. Hence, higher
flow angles driven by increased diameter and reduced volume flows increase the interspace
losses, and the loss contours follow the same trend as for the nozzle losses in Figure 2.9a. For a
pressure ratio of 2 the interspace losses are negligible, and hence no contours are visible.
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Figure 2.10 - Velocity triangle at the turbine rotor inlet and evolution of the relative speed Wy
at optimal, high Ns-Ds, and low Ns-Ds conditions

Rotor incidence losses

The rotor blade incidence losses are calculated based on a model proposed by Wasserbauer et
al. [76] and are described by equation 2.9.

Ahine =0.5[Wysin (B4 — Baopr) ] 2.9)

where f4,0p: = -40° is the optimal flow angle at the rotor inlet [77] and W is the relative flow
speed defined by:

Wy =/C2 + U2 ~2C,4Ussin s (2.10)

Figure 2.10 shows the evolution of the relative inlet speed W, when either U, or Cy4 increases.
The evolution of the relative incidence losses in the Ns-Ds diagram is represented in Figure
2.11. The incidence loss ratio contours coincide with the evolution of the relative Mach
number at the rotor inlet M, ¢ 4 = am: as represented in Figure 2.12a, which suggests that these
losses depend mainly on Wj. At high Ns and Ds values, and hence high rotor speeds and
tip diameters, the rotor tip speed U, = ryw increases, which also increases 4 and, therefore,
the incidence losses. However, at low Ns and Ds values, as the tip speed U, gets lower, the
rotor absolute inlet velocity C4 needs to be increased to match the required pressure ratio,
which also leads to an increase in Wy (Figure 2.10). This corroborates with the evolution of the
absolute rotor inlet Mach number M4 = % presented in Figure 2.12b.

Although the absolute rotor inlet Mach number increases with pressure ratio, the latter has
little impact on the incidence losses. Both tip speed and absolute velocity increase with the
pressure ratio to match the required turbine specific work. Nonetheless, their effect on W; is
compensated by the 2U,C, sin(f4) term, which increases with pressure ratio as well.
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Figure 2.13 — Evolution of the turbine tip clearance loss ratio at different pressure ratios

Tip clearance losses

The tip clearance losses are predicted through the correlation given by Baines [74] and
described by equation 2.11. The axial and radial tip clearances e, and e, are defined by

e,y = max (80um,0.02b4). The discharge parameters values K = 0.4, K, =0.75, and K, =-0.3

are recommended based on experimental data [74]. The expressions of G, and G, can be
found in [2, 35]. Since they are driven mainly by the tip speed Uy, the tip clearance losses
increase for high values of Ns and Ds. These losses increase with the imposed pressure ratio,
as the tip speed U, increases to match the required Euler work defined by equation 2.12. This
results in narrower Ns-Ds contours when the required pressure ratio increases, as shown in

Figure 2.13.
U3(z +0.5Z,;
Ahg = i ( ““de;n spli) (K,erGr+KxexGx+er\/erexGxG,) @2.11)
Ahror = CoaUs — CosUs (2.12)
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Rotor passage losses

The passage losses refer to all losses occurring inside the blade passage and are expressed
as a generic term embracing all possible contributions. This includes the losses due to the
secondary flows, the growth of the boundary layers, separation, and mixing. On the contrary
to axial turbines, profile and secondary flow losses are, therefore, combined in one single
expression [74]. Figure 2.14a represents the evolution of the passage loss ratio, which tends
to rise towards low Ds and high Ns values and towards both high Ds and Ns values. The
correlation for the passage losses implemented in the turbine 1D model is proposed by Futral
etal. [78], Benson [79], and Wasserbauer et al. [76] as follows:

ARpass = 0.5Kpass |[WE c0s® (Ba — Ba,opt) + WE] (2.13)

where Kpqss = 0.3 has been identified experimentally. The passage loss ratio is governed by
the relative rotor outlet velocity Wg, which corroborates with the evolution of the relative
Mach number at the turbine outlet M, = I;V—: shown in Figure 2.14b. A decrease of the
specific diameter Ds due to the drop of the tip diameter r,4, reduces both the exhaust hub and
shroud diameters rgj;, and 75, and hence the rotor throat area, thus forcing the relative exhaust
velocity to increase. On the other hand, an increase of both Ns and Ds results in higher tip
speeds, which drive both the relative inlet and the exhaust velocities.

In addition, Wy is suggested to rise with pressure ratio, which is an inherent consequence of
the increased specific turbine work (equation 2.12). Indeed, higher pressure ratios lead to
higher tip speeds Uy, which inevitably increase Us. An analysis of the exhaust velocity triangle
as presented in Figure 2.15 shows that Wy needs to increase with Ug to minimize the exhaust
swirl Cpe. In spite of having W; increasing with the pressure ratio, it has a limited effect on
the passage losses though. This is due to the cos? (84 — Ba,0p:) term, which decreases with
pressure ratio (f4 increases with pressure ratio - see Figure 2.10), thus counterbalancing the
W rise.

Finally, if Ws is high enough to choke the rotor throat, the throat flow angle is corrected to
allow for a supersonic expansion. As shown in Figure 2.14b, M, ¢ is limited to Mach 1.1 since
only a limited amount of over-expansion can be achieved in the rotor passage. This is due to
the axial Mach number at the rotor outlet that cannot exceed unity.

Trailing edge losses

The trailing edge losses, which are described by Baines [74], are presented in a Ns-Ds diagram
in Figure 2.16. These losses are one order of magnitude lower compared to the other rotor and
nozzle losses and have, therefore, a negligible effect on the efficiency contours in the Ns-Ds
diagram.
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Figure 2.17 — Underlying phenomena imposing the shape of the turbine efficiency contours

Summary

As summarized in Figure 2.17, analyzing each loss mechanism individually along the turbine
flow path has allowed identifying the key aerodynamic phenomena that influence the shape
of the efficiency contours in the Ns-Ds diagram as follows:

* The nozzle outlet angle a3 limits the map towards high values of Ds due to its influence
on the nozzle losses.

* The tip speed U, drives mainly the tip clearance losses and increases the rotor losses at
high specific diameters and speeds.

* The relative velocity W, at the rotor inlet drives the incidence losses and constrains the
width of the elliptic iso-efficiency contours, elongating them along a constant Ns-Ds
product.

 The relative velocity Ws at the rotor outlet limits the contours towards low Ds values
due to increasing passage losses and Mach number at the rotor throat.
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Figure 2.18 — Ns-Ds contours when performed at different blade height to tip radius ratios
(= %‘ for isentropic efficiencies of 0.8 and 0.7 and for PR=4

2.5.5 Sensitivity Analysis

With the nozzle outlet angle a3 being adapted to each operating condition, the turbine design
is fully determined by the values of rotational speed and diameters obtained with the presented
Ns-Ds map. The following section presents a sensitivity analysis showing the influence of
geometrical design dependencies that have been set as constant values to generate the map
according to best engineering practices such as suggested by Baines [74]. This analysis is

€rx

performed on the blade height to tip radius ratio { = lr’—:, the clearance ratio CR = by and

on the shroud to tip radius ratio € = %V The efficiency contours obtained by the sensitivity

analysis are plotted for a pressure ratio of 4.

Figure 2.18 shows the impact of the blade height to tip radius ratio { = IZ—: on the 0.8 and 0.7
efficiency contours, with ¢ ranging from 0.05 to 0.3. The previous performance maps were
obtained at {=0.11 (see Table 2.1). At high ( ratios the nozzle outlet angle a3 increases due to
the higher area at the rotor tip (equation 2.2). Higher nozzle angles, however, increase the
nozzle losses, which get compensated by a decrease in the specific diameters Ds to obtain the
same isentropic efficiency. As a consequence, the results suggest that smaller blade height
ratios allow increasing the iso-efficiency surface in the Ns-Ds diagram. Nonetheless, for (=0.05,
higher values of Ds are reached, at the expense of the iso-efficiency surface decrease though.
Indeed, decreasing { increases the relative speed W; at the rotor inlet, which leads to increased
incidence and passage losses. Therefore, {=0.11 is found to be optimal.
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Figure 2.19 - Ns-Ds contours when performed at different clearance ratios CR for isentropic
efficiencies of 0.8 and 0.7 and for PR=4

Figure 2.19 represents the 0.8 and 0.7 efficiency contours obtained at different clearance ratios
CR = %’4", ranging from 2 (value used for the map generation - see Table 2.1) to 30%. The
increase of the clearance ratio tends to shift the Ns-Ds map towards lower values of Ns and
Ds, due to the influence of the tip speed in equation 2.11. Moreover, one can observe that
the values of Ds are required to be smaller at high clearance ratios to ensure an isentropic
efficiency of 0.8 at a given specific speed. This can be explained by the fact that the clearance
losses are driven by both the tip speed and the tip clearance (equation 2.11). Hence, at a larger
tip clearance, the tip speed needs to be reduced to keep the efficiency constant. Note that
these contours could increase even further without the clearance minimum set to 80 um for

taking into account manufacturing and assembly issues.

Finally, Figure 2.20 represents the 0.8 and 0.7 efficiency contours obtained for shroud to tip
radius ratios € = %s ranging from 0.4 to 0.9. The maps presented before were obtained with
€ = 0.7 (see Table 2.1). The results suggest that tuning the shroud to tip radius ratio allows
operating at higher specific speeds (increased €) and higher specific diameters (decreased
€), which may offer interesting design options in cases where constraints due to operating
conditions or manufacturing need to be taken into account. Note, however, that only € values
ranging from 0.5 to 0.8 allow achieving efficiencies over 0.8. In addition, for a shroud to tip
radius ratio of 0.7, the surface of the 0.8 and 0.7 efficiency contours are larger than for the
other values, which may offer higher design flexibility. This shift is governed mainly by the
evolution of the passage losses since when € decreases, the rotor outlet area decreases as well,
and thus Ws increases (equation 2.13).
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Figure 2.20 — Ns-Ds contours when performed at different shroud to tip radius ratios € = %S
for isentropic efficiencies of 0.8 and 0.7 and for PR=4

In order to take into account the shroud to tip radius ratio in the pre-design phase, new sets of
equations can be built as follows:

* For four discrete e values, a 6! degree polynomial fit 1 c=(0.5,0.6,0.7,0.8 = f (NS, Ds, PR)
is implemented. The designer can evaluate the efficiency for each € and keep the one
offering the best system efficiency. All these functions have a similar goodness of fit
shown in Figure 2.6 for €=0.7.

* The e parameter can be implemented in the model, thus leading to a 6’ degree polyno-
mial fit n;s = f(Ns, Ds, PR,€). The goodness of fit is presented in Figure 2.21. Using this
model offers more flexibility in the choice of € and could lead to better design trade-offs.
However, the fit is less accurate due to the addition of one model parameter and might
increase the complexity of the pre-design exploration.
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Balje [57]

In addition, these results provide keys to understanding why, when compared to the original
Balje performance map, the updated radial turbine isentropic efficiency contours delimit

smaller Ns-Ds surfaces for a given total-to-static isentropic efficiency 7;5, ¢, such as shown in
Figure 2.22:

50

¢ Inorder to compute the maps, Balje used varying shroud to tip radius ratios € with values

ranging from 0.4 to 0.8, as opposed to a fixed value of 0.7 used in this investigation and
recommended by Baines [74].

The original Balje maps were computed using a tip clearance ratio of 2%. In the frame
of this investigation, reduced scale rotors are considered. Hence the minimum tip
clearance is limited to 80 um to stay within realistic manufacturing tolerances. In some
cases, this threshold leads to tip clearance ratios approaching 20%, leading to similar
results illustrated by Figure 2.19. Moreover, while Balje considered leakage losses as a
part of the end wall friction losses [57], the correlation used for the present Ns-Ds map
consists in a more fundamental experimentally validated analysis of the flow through
the clearance gap [74].

The Balje maps were computed for large-scale air machines operating with significantly
lower pressure ratios than the ones considered in this analysis, which tends to increase
the efficiency contours in the Ns-Ds diagram as suggested in Figure 2.5.
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2.5.6 Pre-design model validation

Compared to the 1D radial inflow turbine model, the pre-design maps (or 0D model) represent
a significant reduction of the model order. To assess the effect of these simplifications the
ratings obtained by the 0D and the 1D models are compared for a radial inflow turbine with a
18 mm tip diameter. The pre-design models with a fixed € = %S of 0.7 have been considered.
The operating conditions summarized in Table 2.2 were investigated, which correspond to
typical values of a small capacity ORC without regeneration [80]. The turbine mass flow rate
is computed through the evaporator power input, assuming that all the heat transfers are
isobaric. Further assumptions used to calculate the cycle are steady-state flow conditions and
an isentropic pump efficiency of 60%.

Table 2.2 — Boundary conditions for the turbine pre-design model validation

Term Range Unit
ORC evaporator power 20-32 (kW]
Turbine inlet temperature 160 [°C]
ORC condensation temperature 35 [°C]
Turbine pressure ratio 2-8 [-]
Turbine diameter 18 [mm]
Working fluid R134a [-]

Two different calculations are implemented for the evaluation of the 0D model. The first cal-
culation checks whether the optimum design configuration exists in the original dataset used
to generate the 0D model. These constrained solutions are retrieved by using a classification
method which verifies whether the design solution lies within the convex envelope (or convex
hull) delimited by the original dataset. This approach allows discarding the points of the
search space which are extrapolated outside of the feasibility domain. When the pre-design
solutions are not tested against the convex hull of the original dataset (hence, the whole search
space is explored), they are annotated as unconstrained solutions.

Figure 2.23 illustrates a convex hull envelope generated from a uniform 2D dataset, indicated
as "Original Dataset". If another set of data is analyzed over the whole search space, the convex
hull method enables to sort the valid points (those inside the convex envelope of the original
dataset) from the extrapolated ones. The valid points satisfy the following expression:

[Aconv! Xvar < [beonvl (2.14)

where X, describes the design variables used to generate the convex hull envelope (in Figure
2.23, Xyar = (x1,x2)), and [Acony] and [beony] describe the inequality equations defining
the convex hull envelope. In the particular case of the proposed turbine pre-design model,
Xvar = Mis, N, D, ityyrp, PR, Tryrb,ins Prurb,out). Therefore, validating equation 2.14 ensures
that, for a given set of operating conditions (71, PR, Tryrp,in, and Pyyrp,our), the predicted
optimum isentropic efficiency 7;s can be achieved with the optimum rotational speed and
diameter (N, D) found by the pre-design model.
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Figure 2.24a compares the optimum isentropic efficiencies and rotational speeds as a function
of the pressure ratio resulting from both the 0D and the 1D models, for a constant ORC
evaporator power of 22 kW. Both unconstrained and constrained solutions are displayed.
As expected, the isentropic efficiency decreases with pressure ratio as a consequence of
the increased nozzle, interspace, and tip clearance losses. Similarly, the rotational speed
increases with the pressure ratio to match the new turbine power requirements. Compared
to the 1D predictions, both the optimum 0D predicted rotational speeds and isentropic
efficiencies are contained within a deviation band of +1 and +2.5%, respectively. Therefore,
the prediction performance of the new 0D tool is remarkable, in particular considering the
significant reduction in model order, since the evaluation time of the 0D model is in average
1500 times faster than the 1D mean line model.

Figure 2.24b compares the optimum rotor speeds and isentropic efficiencies obtained by
the 0D and the 1D models independently of the evaporation power. The 1D and 0D based
predictions are contained within a deviation band of +2 and +4% for the rotor speed and the
isentropic efficiency, respectively.

Finally, no significant difference occurs between the constrained and unconstrained solutions,
meaning that the new radial turbine 0D models can be used on a wide range of operating con-
ditions to pre-design small-scale radial inflow turbines without incurring significant prediction
errors.
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2.5.7 Limitations of the turbine pre-design model

The updated 0D pre-design model for the radial turbine is generated through the evaluation

of an experimentally validated 1D model and offer a significant reduction of the evaluation
time (few orders of magnitude) while ensuring satisfactory accuracy due to the inclusion of
the pressure ratio in the evaluation of the isentropic efficiency. This methodology presents,

however, the following limitations:
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¢ Level of design detail The new pre-design model includes the rotational speed N, the

tip diameter D, and the shroud to tip radius ratio € as design variables. Hence blade
number, hub to shroud radius, and blade angles are fixed. Adding these variables in the
pre-design model may yield higher turbine efficiencies and improved design flexibility.

Validity of the 1D enthalpy loss correlations The 1D enthalpy losses have been calcu-
lated with empirical loss correlations, which have not been extensively studied in the
small-scale domain. More experimental data on a broader range of turbine geometries,
working fluids, and operating conditions are needed to further refine and validate the
individual loss correlations at the reduced scale. In particular, an extended validation
is required for pressure ratios above 4.2, for which the considered 1D model underesti-
mates the isentropic efficiency compared to the experimental data as shown in Figure
2.4.

Choke condition at the turbine nozzle throat The present method imposes the turbine
to operate at the onset of choke. While this condition maximizes the work output by
increasing the value of Cy, and avoids a mismatch between the nozzle and the rotor
design, it may induce higher losses in the nozzle passage, in particular for low pressure
ratios (1.5<PR<3), which could easily be achieved without a choked nozzle.

Off-design aspects While the updated reduced order model offers a powerful pre-design
tool, it cannot be used for rating off-design operations since it considers the adaptation
of the nozzle outlet angle to each operating condition. Nonetheless, this shortcoming
could be addressed with the use of variable nozzle geometries, in which the nozzle
outlet angle could be adapted to each operating condition.
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Figure 2.25 — 1D layout of a centrifugal compressor

2.6 Centrifugal compressor

2.6.1 Generation of the reduced order model

Figure 2.25 shows the layout of a centrifugal compressor, its main components, and the
geometry parameters required for a mean-line (1D) evaluation. The centrifugal compressor
1D models are based on the same principles as the ones adapted for radial turbines. A 1D
model written in MATLAB [73] and experimentally validated by Schiffmann [46] has been used
for the generation of the compressor reduced order model. For a given geometry, the 1D model
calculates the velocity triangles at the inlet and exhaust of each compressor station. The flow is
corrected using the enthalpy loss collection introduced by Galvas [81], which includes: (1) The
inducer losses, (2) the impeller losses including incidence, skin friction, blade loading, disc
friction, and outlet recirculation losses, (3) the diffuser losses, and (4) the volute losses. In this
work, the effect of the volute is neglected. The 1D model inputs are the compressor geometry
and the thermodynamic inlet conditions. The outputs are the compressor performance,
assessed by the total-to-total isentropic efficiency 7;s and the achieved pressure ratio PR. In
addition, the evaluated solutions are subject to the following constraints:

* In order to avoid flashing, the vapor quality must be above unity at each station.

* Choke and surge conditions are prohibited. When the flow is choked in the compressor
passage, the system performs very poorly, while surge generates high unsteady flow
regions, which might lead to the failure of the compressor system.

* The maximum pressure ratio is limited to 5 to stay within realistic values considering a
single-stage centrifugal compressor.
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Table 2.3 presents the variables and their range that have been used to generate the compressor
dataset. Note that only a subset of available geometry parameters is taken into account,
including the tip radius r4 and the blade height ratio { = %. These dimensions are the main
variables to adjust the outlet impeller flow passage area, which influence the enthalpy losses
and the choke and surge limits. The other dimensions are defined as constant values or as
dependent parameters based on best engineering practice [82] and on existing prototypes [35].
The ranges of the compressor mass flow rate riicomp, tip radius r4, rotor speed N, and the
evaporation temperature Te,4p are adapted to domestic refrigeration applications (7-25 kW
of heating capacity). Similarly to the radial turbine pre-design model, four organic working
fluids (R134a, R245fa, R152a, and R600a) have been investigated.

Table 2.3 — Description of the inputs of the centrifugal compressor 1D model indicating the
ranges considered for the generation of the reduced order model

Term H Symbol | Range \ Unit
Model design variables
Rotational speed N 30-400 [krpm]
Rotor tip radius T4 5-75 [mm]
Impeller blade height ratio byl 1y 0.015-0.3 [-]
Evaporation temperature Tevap -10-10 [°C]
Inlet super-heating ATiy, 5-20 K]
Mass flow rate Meomp | 20-400 [g.s_l]
Fixed parameters
Impeller outlet angle Ba -40 [deg]
Impeller inlet angle Borms | -45 [deg]
Impeller shroud inlet angle Bos -60 [deg]
Inducer roughness Ra;na 1.2e-5 [-]
Impeller roughness Raimp 1.2e-5 [-]
Compressor blades number Zplades | 9 [-]
Compressor split blades number || Zg, ;¢ 9 [-]
Dependent parameters
Inducer inlet radius n 1.17r9; [mm]
Impeller shroud radius Tos 0.5614 [mm]
Impeller hub radius o 0.35717¢ [mm]
Vaneless diffuser outlet radius Is 1.514 [mm]
Impeller tip clearance erp max(0.08,0.02b4) | [mm]
Impeller back-face clearance Chack max(0.08,0.02b4) | [mm]
Impeller length Limp 1.574 [mm]

Using a Monte Carlo simulation approach, 200’000 randomly and equally distributed solutions
are evaluated. A dataset of feasible compressor designs that satisfy the constraints previously
mentioned is thus generated. From this dataset, a 5/ degree polynomial model to predict the
compressor performance is built as follows:

Nis,comp = f(Ns,Ds,(,PR) (2.15)
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Figure 2.26 — Repartition of the compressor and turbine feasible points in a Ns-Ds diagram for
R134a working fluid

With the remaining geometry variables set in Table 2.3, the compressor geometry is then fully
characterized, i.e., the tip diameter, inlet and exhaust areas, and the required rotor speed are
known.

2.6.2 Reduced order model in the Ns-Ds design space

Figure 2.26 represents the repartition of the feasible designs generated by the compressor
dataset regardless of their efficiencies in a Ns-Ds diagram, together with the radial turbine
dataset and for R134a working fluid. The plot suggests that, in contrast to radial turbines,
the feasible compressor designs lie within a narrow band of Ns and Ds configurations, which
echoes with the extensively cited Cordier line [58]. This is due to the compressor flow physics,
which prevents sensible designs from existing in regions of low Ns and Ds, and vice versa [59].
It follows that the specific diameter can be expressed as a function of the previously identified
model inputs without incurring significant errors.
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Figure 2.27 — 77% iso-efficiency contours in the compressor Ns-{ diagram generated at differ-
ent pressure ratios for R134a working fluid

In light of the previous observations, two fitting methodologies are possible.

* A5'" degree polynomial fit ;s = f(Ns, Ds, PR,{). This methodology allows optimizing
Ns and Ds simultaneously although they lie within a narrow design space. The goodness
of fit is represented in Figure 2.28a.

* Two 5" degree decoupled polynomial fits ;5 = f(Ns, PR,{) and Ds = f(Ns, PR,{). The
goodness of fit corresponding to these two equations are shown in Figure 2.28b. This
second procedure is less accurate due to the inherent regression errors that occur when
correlating Ns and Ds. Since the number of parameters is decreased, the search for the
compressor isentropic efficiency optimum is faster though.

Since Ns and Ds are correlated, there is no longer an interest in representing the compressor
efficiency contours in a Ns-Ds diagram. An updated performance chart representing the
isentropic efficiency in a Ns-¢ domain is proposed instead, as shown in Figure 2.27 for R134a
working fluid. This first graph suggests (1) that different combinations of Ns and { are possible
to achieve the same isentropic efficiency, and that (2) the surface covered by the Ns and {
iso-efficiency lines decreases with increasing pressure ratio.

58



2.6. Centrifugal compressor

09
R? = 0.99516
0.85 RMSE = 0.0031326
08
o 0.75F
S
2
S o7t
0.65
0.6
0.55 1 1 1 1 1 1 ]
0.55 0.6 0.65 0.7 0.75 0.8 0.85 0.9
s, 1D
(a) niS,OD = f(NerSvPRrC)
09 12 ¢
R? = 0.96292 11} R?=0.99964
0.85F RMSE = 0.0086717, RMSE = 0.039055
10
08 9l
8 L
5 0.75F -4% A
o £ o
) 4 7
=
0.7 6l
0.65 ST
4+t
06
3 L
0.55 1 1 1 ] 2 1 1 1 1 )
0.6 0.7 0.8 0.9 2 4 6 8 10 12
Mis 1D Ds,p

() ni50p = f(Ns,PR,{) and Dsop = f(Ns, PR,{)

Figure 2.28 — Goodness of fit: (a) n;5,0p = f(Ns, Ds, PR,{) model (b) n;50p = f(Ns,PR,{) and
Dsop = f(Ns, PR,{) models - obtained for R134a working fluid

59



Chapter 2. Pre-design models for small-scale radial turbomachinery

Uy = U,
¥ 1c

U,

Low Ns
Optimal

Figure 2.29 — Velocity triangle at the compressor impeller inlet assuming a zero-swirl at optimal
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2.6.3 Influence of the compressor loss mechanisms on the efficiency contours

The following section aims at explaining the underlying phenomena that are shaping the
efficiency contours of the compressor pre-design model in the Ns-{ diagram shown in Figure
2.27. Each enthalpy loss normalized with the stage isentropic enthalpy rise is analyzed and
superimposed on the efficiency contours in the Ns-{ diagram. Only the losses occurring in the
impeller are represented. The considered working fluid is R134a.

Internal impeller losses

The internal impeller losses include the incidence, skin friction, tip clearance, and blade
loading losses.

Incidencelosses The incidence losses are estimated with a correlation proposed by Galvas [81]
and are represented in Figure 2.30, where it is observed that they increase towards low Ns
values. The incidence loss correlation is given in equation 2.16.

. 2
Ahipe=0.5[Wasin (|2 — B2,0p:l)] (2.16)
The incidence losses are due to the deviation of the flow incidence from its optimum angle
B2,0pt- At low specific speeds, the relative ﬂow angle 3, = —arctan g—j increases due to the
Mcomp

decrease of the absolute inlet velocity C, = Tp, 2 shown in the impeller inlet velocity

2 2
”(r2s_r2h p

triangle in Figure 2.29, which assumes zero-swirl conditions. The more 8, moves away from
its optimum value, the higher the incidence losses. With a fixed Us, f, is primarily driven by
C,. Therefore, the incidence losses are linked to the mass flow rate and the impeller inlet area
(a constant %S is assumed here). When Ns decreases, 7i1¢om ) decreases as well, and since low
specific speeds Ns correspond to high specific diameters Ds, the impeller inlet area tends to
increase as well.
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Figure 2.30 — Evolution of the compressor incidence loss ratio in the Ns-{ diagram at different
pressure ratios

Since the impeller inlet conditions are not affected by the pressure rise and by the discharge
geometry, the pressure ratio and the blade height ratio { do not affect the incidence losses.
On the other hand, while the incidence losses increase at low Ns, the relative inlet Mach
number M, ¢ = I;V—ZZ increases at high Ns, as shown in Figure 2.31. This effect explains why
the compressor performance is limited in regions of high Ns, where the flow comes closer to
the choking limit at its inlet. When choosing the feasible range of Ns, a trade-off is thus to be

met between high incidence losses and choked flow at the impeller inlet, when considering a

Ias

constant .
Ta
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Figure 2.31 — Evolution of the relative Mach number at the compressor impeller inlet in the
Ns-¢ diagram at different pressure ratios
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Figure 2.32 - Evolution of the compressor skin friction loss ratio in the Ns-{ diagram at different
pressure ratios

Skin friction losses Figure 2.32 represents the evolution of the skin friction loss ratio with
Ns and {. These losses are described through the correlation proposed by Jansen [83] and
Coppage [84] as follows:

CrLp (Wy + Wp)?
B 2dy,

Ahgy (2.17)
where dj, and Ly, are the hydraulic diameter and channel length, and Cy the friction coefficient.
The expression of Cy is given by Galvas [81]. The analysis shows that the skin friction losses
are governed mainly by the relative outlet velocity Wj, as corroborated by Figure 2.33, which
represents the evolution of the impeller outlet relative Mach number M,,; 4 = I;V—: in the Ns-{
diagram.

Figure 2.34 shows the velocity triangle at the compressor outlet at different operating condi-

tions and for a fixed geometric impeller outlet angle 4. For a given 4 and tip speed Uy, W; is
mcomp

21rybypy

a diminution of the outlet surface area defined by A4 = 27b,1,4. These conditions are met at

driven by Cp;4 = . Therefore, W, increases with an augmentation of the mass flow and

high specific speeds and low blade height ratio . Finally, W, increases with pressure ratio to
match the required compressor impeller work.
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Figure 2.33 — Evolution of the relative Mach number at the compressor impeller outlet in the
Ns-¢ diagram at different pressure ratios
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Figure 2.35 — Evolution of the compressor tip clearance loss ratio in the Ns-{ diagram at
different pressure ratios

Tip clearance losses The evolution of the tip clearance loss ratio with Ns and ( is represented
in Figure 2.35. These losses are evaluated using a model presented by Brasz [85], which is given
in equation 2.18. Similarly to the skin friction losses, the tip clearance losses become dominant
in the regions of high Ns and low {. The analysis identifies Cg“b—f’”z as being the dominating
term of the correlation, explaining why the losses increase at low { = Ir’—: and high Ns due to the
contribution of #it¢omp in Cy,y2. The reason why these losses increase with the pressure ratio is

due to the contribution of Cy4, which increases to match the required compressor work.

2 2
erpCos 471 CosCr2 Tos = Ton

Ahg = 0.6 (2.18)

e
b4+% (b4+%) Zplades | (Ta—T2s) (1+%)
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Figure 2.36 — Evolution of the compressor blade loading loss ratio in the Ns-{ diagram at
different pressure ratios

Blade loading losses The losses associated with blade loading in the impeller passage are
estimated with the correlation proposed by Rodgers [86,87] and are described by equation
2.19.

Ahy; = 0.05U§D} (2.19)

When { increases and Ns decreases, leading to lower W;, the blade loading losses represented
in Figure 2.36 increase. These losses describe the enthalpy rise depreciation caused by the
boundary layer growth, the flow separation, and secondary flows in the impeller. This phe-
nomenon is related to a diffusion coefficient D¢ given by equation 2.20. Through the analysis

of its different terms, the blade loading losses are driven mainly by 1 — WIZ: - in the expression

of Dy, explaining why they increase with dropping W; in Figure 2.36.

W4 ][r4Ahl-s (rZS_r2h+b4) (1+ Wzlfim)
Df =1- + +0.1 (2.20)
Warms  ZbladesLnUasWarms 2(rg —r25)
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Figure 2.37 - Evolution of the compressor disc friction loss ratio in the Ns-{ diagram at different
pressure ratios

Impeller external losses

The previous enthalpy losses are categorized as internal losses, involving both an entropy rise
and a pressure drop at the impeller outlet. The external losses do not affect the pressure at the
compressor outlet but increase the enthalpy rise needed to satisfy the compressor work, and
hence depreciate the isentropic efficiency. Figures 2.37 and 2.38 represent the evolution of the
disc friction and recirculation losses in the Ns-{ diagram.

Disc friction losses The disc friction losses are evaluated with a model proposed by Daily

3
and Nece [88] and are given in equation 2.21. These losses are dominated by mr“ , which
comp
increases in regions of high Ds values, and hence in regions of low Ns values. However, the

disc friction losses are much smaller than all other enthalpy losses.

Ahgp=0.25p,U; s Ks (2.21)

comp
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Figure 2.38 — Evolution of the compressor recirculation loss ratio in the Ns-{ diagram at
different pressure ratios

Recirculation losses The recirculation losses have been approached by Coppage et al. [84]
and are described by equation 2.22. These losses describe the compressor work depreciation
in regions where the flow at the compressor outlet does not have enough kinetic energy to
overcome the pressure rise in the diffuser. These losses are governed mainly by the diffusion
factor Dy defined in equation 2.20, and hence increase in regions of high ¢ and low Ns values,
which correspond to low relative velocities W,. Furthermore, since the recirculation losses
are also influenced by the absolute flow angle a4 = arctan % this effect is emphasized even
further, due to the increase of a4 with decreasing W, (see Figure 2.34), eventually leading to
surge [89].

Ahye =0.02D7Uf tan(as) (2.22)
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Figure 2.39 — Underlying phenomena shaping the efficiency contours of the compressor
pre-design model in the Ns-{ diagram

Summary

Similarly to the radial turbine, analyzing each loss mechanism individually along the compres-
sor flow has allowed identifying the key aerodynamic phenomena that influence the shape of
the compressor efficiency contours in the Ns-{ diagram.

The skin friction and tip clearance losses prevail in regions of high Ns and low ¢. This is
the consequence of an increased relative outlet velocity Wj.

* With decreasing Ns and increasing {, W, decreases, leading to increased blade loading
and recirculation losses.

* The incidence and disc friction losses prevent efficient compressor operation at low
specific speeds Ns.

* The choke limit at the impeller inlet prevents the compressor to operate at high specific
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