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ABSTRACT 

Pazooki Alireza, Ph.D. 

Concordia University, 2012 

Articulated frame steer vehicles (ASVs), widely employed in different off-road sectors, 

are generally unsuspended vehicles. Owning to their complex operating environment, 

high mass center, relatively soft and large diameter tires, wide load variations and load 

distribution, and kineto-dynamics of the frame steering mechanism, these vehicles 

transmit higher magnitudes of low frequency whole-body vibration (WBV) to the 

operators and also exhibit lower roll and directional stability limits. While the superior 

performance potentials of axle suspension in limiting the WBV exposure have been 

clearly demonstrated, the implementations in ASVs have been limited due to the complex 

design challenges associated with conflicting requirements posed by the ride and 

roll/directional stability requirements. Growing concerns on human driver comfort and 

safety, and increasing demands for higher speed ASVs such as articulated dump trucks, 

however, call for alternate suspension designs for realizing an improved compromise 

between the ride and stability performance. This dissertation research is aimed at analysis 

of a torsio-elastic axle suspension concept for achieving improve ride, while preserving 

the directional stability limits of the ASV. For this purpose a comprehensive three-

dimensional model of the articulated frame steer vehicles is developed for design and 

analysis of the proposed axle suspension concept. The model is formulated considering a 

three-dimensional tire model, tire lag, coherent right- and left-terrain track roughness, and 

kinematics and dynamics of the steering struts. 

Field measurements were performed to characterize the ride properties of a 

conventional forestry skidder and that of a skidder retrofitted with the rear-axle torsio-
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elastic suspension under different load conditions. The measured data were analyzed to 

assess the ride performance potential of the suspension and to examine validity of the 

simulation model. Both the field measured and simulation results revealed that the 

proposed suspension could yield significant reductions in the magnitudes of vibration 

transmitted to the operator location, irrespective of the load and speed conditions. A 

simple yaw-plane model of the vehicle is also formulated to study the role of steering 

system design including the steering valve flows, kineto-dynamics of the steering struts 

and leakage flows on the snaking stability limits of the ASV. The results showed that the 

critical speeds are strongly dependent upon the kineto-dynamics of the articulated 

steering system. 

The comprehensive three-dimensional model subsequently used for analysis of 

integrated ride and roll/directional stability limits of the vehicle and the axle suspension 

designs. The stability performance measures are defined to assess the vehicle stability 

limits under steady as well as transient directional maneuvers. The results show that the 

proposed rear-axle suspension deteriorates the stability performance only slightly, 

irrespective of the load condition. It is concluded that the proposed suspension concept 

could yield a very good compromise in ride and stability performance. The proposed 

model could serve as an effective and efficient tool for integrated ride and handling 

analysis and to seek primary suspension designs for an improved compromise between 

the ride and stability performance of ASVs. 
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CHAPTER 1 

LITERATURE REVIEW AND SCOPE OF THE DISSERTATION 

 
1.1 Introduction  

Articulated steer vehicles (ASVs), commonly employed in agricultural, construction, 

forestry and mining sectors, are known to transmit comprehensive higher magnitudes of 

low frequency whole-body vibration (WBV) along the translational as well as rotational 

axes to the drivers, which can be attributed to vehicle interactions with the uneven off-

road terrains, and lack of adequate primary and/or secondary suspensions. Furthermore, 

owing to their relatively soft tires, extreme variations in the load and load distributions 

during work cycles, and high mass center, the articulated steer vehicles (ASV) exhibit 

lower roll and directional stability limits. The WBV exposure of many off-road vehicles 

widely characterized through field measurements [1,2], is known to exceed the health-

caution guidance zone defined in ISO-2631-1 [3] and the exposure limit of the EN14253 

[4]. Prolonged occupational exposure to such WBV has been directly associated with 

various health and safety risks among the vehicle drivers [5,6], while the operators of 

ASVs are exposed to far greater magnitudes of WBV compared to other off-road vehicles 

[1,7]. Furthermore, there exists as increasing demand for operations at relative higher 

speeds, which would yield even greater magnitudes of WBV. 

Owing to the high inertia (load carrying capacity) and high center of gravity (cg), the 

vast majority of ASVs have been designed without a primary suspension. The inhibition 

of ground-induced vibration is thus generally limited to large-diameter and soft tires, 

suspension seat and elastic operator cabin mounts [8-10]. The large tires, however, tend 

to increase the vehicle cg height and reduce the vehicle track width, leading to potentially 
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greater fore-aft and lateral motions of the driver, and lower roll stability limit. Moreover, 

pneumatic tires yield very light damping. A combination of these factors suggests that the 

design and property tuning of tires could help achieve only limited gains in the ride 

performance and roll/directional stability limit, partly due to the constraint imposed by 

the off-road tractive performance. A suspension seat, on the other hand, could yield 

limited isolation of high intensity vertical vibration, when the suspension is adequately 

tuned for the specific target vehicle vibration [10-12]. A few studies have shown that the 

suspension seats yield only limited control of vehicle vibration in some vehicles, and 

amplify the vibration in many large size off-road vehicles [1,9,10,13]. Furthermore, a 

suspension seat is not effective in limiting the transmission of fore-aft and lateral 

vibration, whose magnitudes are known to be either comparable to or exceed that of the 

vertical vibration [10,11]. A suspension at the cab, generally limited to elastic mounts, 

also yields attenuation of only high frequency vibration [14,15]. Furthermore, the 

implementation of a cab suspension could pose many complexities in the ASV design, 

where the cab is often welded to the chassis along with the ROP structure. 

Although axle suspensions offer greater potential to reduce the transmission of 

terrain-induced translational as well as rotational vibrations, relatively fewer studies have 

attempted the design and performance analyses of such suspensions, where the 

enhancements in ride have been clearly demonstrated [16-21]. This may in-part be 

attributed to the strong couplings between the ride and roll/directional stability properties 

of such vehicles, which pose complex design challenges associated with conflicting 

requirements posed by the ride and roll stability measures, and wide variations in the axle 

loads, particularly in view of design and property tuning of the main vehicle cushioning 
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systems. While a soft axle suspension would be highly desirable for attenuation of WBV 

arising from the tire-ground interactions, it tends to reduce the vehicle roll stability limit. 

Anti-roll suspension concepts with a ride-height levelling function and interconnected 

hydro-pneumatic suspensions [22,23] would offer promising alternative solutions for off-

road vehicle applications. However, their performance analyses in view of both the ride 

and roll/directional stabilities have not been thoroughly explored. 

A number of design and operating factors contribute to relatively lower directional 

and roll stability limits of ASVs. These include the multi-axle articulated vehicle design, 

large diameter tires and thus high mass centre (cg), operation on complex terrain 

conditions, wide range of operating speeds, and large vehicle load and load variations, in 

addition to kinematics and dynamics of the articulated steering system [24-26]. 

Moreover, a class of the ASVs such as dump trucks also operate on paved roads at 

relatively higher speeds and thus pose difficult handling and directional performance 

requirements. Such vehicles are known to exhibit relatively lower directional stability 

thresholds, particularly greater jack-knife and snaking tendencies at medium-high speeds 

[27]. Moreover, the stability limits are known to be sensitive to kinematic and dynamic 

properties of the steering system in addition to the cg positions of the front and rear body, 

and rear body inertia [24-26,28-31]. The articulated frame steering mechanisms have 

been invariably represented by equivalent linear torsional spring and damping constants, 

which do not adequately reflect the kineto-dynamic effects of the steering struts [24-

26,28-31]. 

The ride, handling and directional response characteristics of heavy road and off-road 

vehicles have been widely investigated using different multi-body dynamic models [32-
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39]. The simulation models focusing on handling, dynamic roll and directional 

characteristics generally ignore the vertical tire integrations with random rough roads. 

The models aimed at ride dynamic evaluation, on the other hand, ignore the steering 

dynamics. The tire-terrain interactions, however, is vital for both the handling and ride 

dynamic evaluation, particularly for off-road vehicles, including the ASVs. It is thus 

desirable to develop integrated ride and handling multi-body dynamic models 

incorporating tire interactions with randomly rough terrains and kineto-dynamic of the 

steering system. Furthermore, the handling and directional properties of off-road vehicles 

have been addressed in only a few studies, which is partly attributed to their low speed 

operation. However, the growing demands for higher speed ASVs such as articulated 

dump trucks necessitate the developments of a comprehensive three-dimensional model 

to facilitate the design of high speed ASVs and to identify desirable axle suspension 

designs to achieve an improved compromise between the ride and stability limits. 

This dissertation research focuses on: (i) development of an integrated ride and 

handling dynamic model of an articulated frame steer vehicle incorporated a kineto-

dynamic model of the frame steering mechanism; and (ii) an advanced axle suspension 

design for enhancement of both the ride and roll stability limits of the ASVs. The ride 

performance potentials of a torsio-elastic axle suspension are investigated through field 

measurements and simulations of a ride dynamic model. A kineto-dynamic model of the 

frame steering struts is developed and integrated to the vehicle model to study the 

directional dynamics and stability characteristics and the influences of steering system 

design on the vehicle stability limits. 
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1.2 Review of Relevant Literature 

Vehicles using articulated frame steering (ASVs) have been tested as early as 1836 and 

were first patented in the beginning of the 20th century [40]. These vehicles include two 

separate units coupled through an articulation joint, while the steering is attained by 

altering the angle between the two bodies in the yaw plane using two hydraulic cylinders, 

as seen in Fig. 1.1. ASVs offer enhanced maneuverability and drawbar pull performance 

but yield complex ride and stability characteristics. Such vehicles operate on both paved 

and unpaved surfaces and are known to yield comprehensive magnitudes of whole body 

vibration and lower directional and roll stability limits.  

 
Figure 1.1: A pictorial view and a schematic of an articulated frame steer vehicle (ASVs). 

Strong coupling between the ride and stability performance measures poses 

significant design challenges for ASVs, particularly for the axle suspensions. A study of 

ASV ride and stability characteristics encompasses numerous measurement and modeling 

challenges and necessitates a thorough knowledge of the characteristics of various 
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vehicle subsystems, analytical and experimental methods, analysis and assessments of 

ride vibration, and roll and directional stability limits, and performance measures and 

requirements. The reported relevant studies are reviewed and discussed in the following 

subsections to build the essential knowledge and formulate the scope of the dissertation 

research.  

1.2.1 Characterization of vibration and vibration assessment of off-road vehicles  

ASVs are generally unsuspended vehicles that are directly supported on large-diameter 

soft tires. These vehicles operate on both the paved roads and relatively rough terrains 

with large localized slopes and cross-slopes, and yield comprehensive magnitudes of 

translational and rotational whole-body vibrations (WBV) at the operator location 

[7,41,42]. The WBV exposure of operators of various off-road vehicles has been widely 

characterized through field measurements over the past five decades [43-47]. These have 

demonstrated that the WBV of off-road wheeled vehicles generally dominates in the 0.5-

5 Hz and that the magnitudes of vibration encountered by ASVs operators are generally 

higher than those observed in conventional steering off-road vehicles [1,7]. A number of 

epidemiologic studies have established a strong association between the WBV exposure 

and various health risks among the operators [42,48]. A number of standardized methods 

have thus been defined to assess the vibration exposure risks considering the human 

sensitivity to frequency and magnitude of vibration and exposure duration [3,4,49,50]. 

The international (ISO-2631-1[3]) and British (BS 6841) [49] define the frequency 

weightings to account for human sensitivity to vibration and method of assessing the 

exposure. The standards define frequency weighting  Wk , Wd and We for assessing of 

vertical, horizontal and rotational vibrations, while the exposure is expressed in terms of 
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frequency-weighted root-mean-square (rms) acceleration,   , or vibration dose value 

(VDV), when the ride vibration environment involves high intensity vibration or shock 

motions, given by: 

4/1
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a                                          (1.1) 

where aw is the frequency-weighted acceleration along a given axis and    is the exposure 

duration considered. The frequency-weightings employed in the standardized exposure 

assessment methods suggest that human body is most sensitive to horizontal and 

rotational vibration in the 0.5-2 Hz range, and to vertical vibration in the 4-10 Hz range. 

The comfort perception of vibration and the health effects are directly related to overall 

rms acceleration computed from the above equation. The overall frequency-weighted rms 

acceleration due to WBV can also be evaluated from: 

 
i

ii faWa
2

)(                                                        (1.2) 

where       is the rms acceleration corresponding to center frequency  of the i 
th

 third-

octave frequency band, and Wi is the corresponding weighting factor. The standard also 

requires the evaluation of total WBV exposure through vector summation of the 

translational weighted accelerations, when the dominant ride vibrations occur along 

multiple axes, such that: 

 22222

zyyxxv aakaka                                                             (1.3) 

where    and    are Wd-weighted rms longitudinal and lateral accelerations, respectively, 

and    is the Wk-weighted rms vertical acceleration. In the above equation, kx=ky=1.4 are 

the constants applied to account for relatively higher human sensitivity to horizontal 
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vibrations. In addition, the exposure assessment guidelines of the European Commission 

(EC, 1992) defines an eight-hour energy equivalent frequency-weighted acceleration, 

A(8), for assessing the WBV exposure. The A(8) value represents the equivalent exposure 

to continuous vibration over an eight-hour work period, given by: 

0)8( TTaA ev                                                         (1.4) 

where T0 is the reference duration of 8 hours and Te is the average daily exposure 

duration. The EC has also set for the ‘action’ and ‘limiting’ values of A(8) as 0.5 m/s
2
 and 

1.15 m/s
2
, respectively. The studies on assessment of ride vibration of different off-road 

vehicles generally report frequency-weighted overall rms acceleration levels, and exhibit 

wide variations in the measured magnitudes even for the same class of vehicles, as 

evidenced in Table 1.1. 

Table 1.1: Summary of the WBV levels reported in different studies for different off-road 

vehicles. 

Vehicle av (m/s
2
) VDV(m/s

1.75
) Source(s) 

Excavator 0.51
c
-0.91

c
 5.76 [41,52,53] 

Scraper 1.61
e
 14.9 [53] 

Grader 0.55
c
-1.4

e
 7.25 [52-54] 

Skid-steer vehicle 1.18
d
 9.64 [53] 

Compactor 0.91
c
 7.86 [53] 

Wheel-Loader 0.95
c
-1.22

e
 31.7 [52,53,55] 

Mobile Crane 0.15-0.59
c
 - [41,53,55-57] 

Off-road dump truck 1.21
d
-1.93

e
 17.2 [41,53,54] 

Skidder 
loaded 1.8

e
-1.83

e
 

- [1,58] 
unloaded 1.96

e
-2.10

e
 

Agricultural Tractor 0.50
c
-1.93

e
 - [41,54,59-62] 

Crawler loader 1.01
c
 8.71 [53] 

c 
exceeds ISO 2631-1 (1997) health caution zone lower limit for an 8-h day;  

d 
exceeds ISO 2631-1 (1997) health caution zone upper limit for an 8-h day;  

e 
exceeds ISO 2631-1 (1997) health caution zone upper limit for a 4-h day. 
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Table 1.2: Summary of reported WBV levels along x, y, z axes of different off-road 

vehicles. 

Vehicle 
xa  (m/s

2
) ya  (m/s

2
) 

za  (m/s
2
) Source(s) 

Load-haul dump truck 0.81 0.49 1.57 [42,63] 

Heavy-haul mining trucks 0.13-0.57 0.14-0.48 0.40-1.52 [64] 

Agricultural tractors 

(various tasks) 
0.07-1.12 0.11-1.40 0.16-1.35 [65-70] 

Underground mining 

dumpers (loaded and 

unloaded) 

0.63-1.50 0.54-0.84 0.87-2.50 [63] 

Cranes – mobile and 

overhead 
0.07-0.66 0.11-0.67 0.22-0.52 [6,57,71] 

Grader 0.38 0.45 0.79 [54] 

Construction machinery    

 

[6,42,67,71-

74]  

Loaders-wheeled 0.21-1.40 0.22-1.30 0.29-1.26 

Loaders-tracked 0.65-1.12 0.34-0.76 0.51-0.96 

Dumpers 0.51-1.12 0.30-0.78 0.46-1.18 

Excavators 0.24-0.52 0.20-0.26 0.30-0.52 

Forestry machines    
[1,75-78] 

Skidders 0.54-0.86 0.49-1.42 0.72-1.15 

Forwarder 0.64-0.75 0.80-1.52 0.39-0.68 

Snow vehicles     

Side-walk ploughs 0.35-1.03 0.20-0.86 0.81-2.23 [58,79] 

Snowmobiles 0.43-1.00 0.50-1.00 0.30-1.00 

Groomers 0.15-0.36 0.15-0.36 0.40-1.10 

Compactor 0.37-0.50 - 0.78-1.49 [80] 

 

Table 1.2 further summarizes the reported frequency-weighted rms accelerations due 

to vibration along the x-, y- and z-axis of different vehicles. The wide range of reported 

acceleration values are attributed to variations in the design and operating conditions, 

local terrain condition and the tasks. The results further reveal significantly higher 

magnitudes of WBV of off-road vehicles, while those of the articulated steer vehicles, 

such as wheel loader, off-road dump truck, tractor and skidder are relatively higher 

[7,51]. The results in the table also show that WBV levels of many vehicles either 



10 

 

approach or exceed the ‘health caution zone’ defined in ISO-2631-1. These are indicated 

by the superscripts ‘c’,‘d’, and ‘e’ in Table 1.1. The results in Table 1.2 also shown that 

the magnitudes of horizontal vibration of ASVs are either comparable or exceed the 

vertical vibration magnitudes. 

Teschke et al. [51] also conducted a review of reported studies on WBV and back 

disorders among the heavy equipment operators and motor vehicle drivers. The study 

concluded that operation of excavators, forestry vehicles, tractors, dump trucks, 

bulldozers, graders, cranes, etc., are typically exposed to higher levels of vibration than 

the limiting values recommended in ISO 2631. Boshuizen et al. [59] conducted a cross-

sectional study with 450 tractor drivers exposed to 0.75 m/s
2
 for at least 10 years and a 

control group of 110 people, and concluded that the low back pain (LBP) symptoms were 

50% greater among the control group.  Considering the reported health risks of WBV 

exposure among the operators and high magnitudes of off-road vehicles vibration, 

numerous studies have emphasized the need for control of WBV transmitted to the 

operator by means of primary and secondary suspensions [21,76,84,85]. The vast 

majority of these concepts, however, have met limited success in off-road vehicles partly 

due to complexities associated with the design compromises and their integrations. 

1.2.2 Ride dynamic analyses and vibration control 

The designs of primary and secondary suspensions require a comprehensive 

understanding of ride dynamic characteristics of the target vehicle. The ride dynamic 

responses of an off-road vehicle are a complex function of multiple design and operating 

factors such as terrain roughness, speed, tire-terrain interactions, vehicle weight and 

dimensions, and suspension and tire properties. A number of studies have proposed ride 
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dynamic models of different vehicles to evaluate ride vibration responses, and the 

contributions and significance of various design and operating factors [86-90]. The vast 

majority of these studies, however, focus on road vehicles, while the efforts on off-road 

vehicles have been mostly limited to tracked military vehicles and agricultural tractors 

[43,91-100]. The lack of efforts in ride dynamic modeling of ASVs may be partly 

attributed to complex dynamics of these vehicles.  

The reported off-road ride dynamic models have employed different tire and 

suspension models, while the objectives differ such as the characterization of ride 

dynamic properties [91,92,100] or developments in cab and seat suspensions 

[91,102,103]or active and passive axle suspensions [21,100,104,105]. The vast majorities 

of the reported ride dynamic models are planar model and assume negligible tire-terrain 

interactions in the fore-aft and lateral modes, constant forward speed, and negligible 

contributions due to articulation mechanism in the case of ASV [101,106-108]. Such 

simplifying assumptions, especially the negligible tire-terrain interaction in the shear 

modes and lack of articulation frame steering are the main sources of the error in ride 

dynamic predictions of off-road vehicles [109]. Only a few studies have considered three-

dimensional ride dynamic models of off-road wheeled vehicles while the agricultural 

tractors being the primary focus, as seen in Fig. 1.2 (a) [100]. 

A three-dimensional analytical model of an articulated frame steer vehicle could not 

be found in the literature. A few studies, however, have explored a simplified virtual 

multi-body model of an ASV using MSC/ADAMS. Rehnberg and Drugge [21] developed 

the virtual multi-body model of a wheel loader with and without an axle suspensions 

using MSC/ADAMS software to investigate the effect of introducing axle suspension on 
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the vehicle ride performance. The 19 degrees-of-freedom (DOF) unsuspended wheel 

loader model comprised five rigid bodies apart from the wheels, as shown in Fig. 1.2 (b). 

The wheel loader with front and rear axle suspensions was modeled considering eight 

rigid parts besides wheels, and 22-DOF [21,30]. The validity of an off-road vehicle ride 

dynamic model strongly relies on the accuracy of the component models, particularly the 

tire modeling, terrain roughness, and secondary and primary suspension models, which 

are reviewed and summarized below. 

 
Figure 1.2: (a) Three-dimensional tractor model and the related forces and torques acting 

on the body, axle, and wheel [100]; and (b) virtual multi-body model of a wheel loader 

[21]. 

 

1.2.3 Tire modeling  

Off-road vehicle tires play the most important role in different vehicle performance 

measures such as ride, handling, directional stability, traction/mobility and the 

operational economy. These measures, however, impose conflicting requirements on the 

tuning of tire properties. Soft tires would be highly desirable for absorption of vibration 

energy [21,110] but lower effective roll stiffness and thus reduced stability, and poor fuel 

economy due to higher rolling and shear resistances [21,111-114]. Alternatively, stiff tires 
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would be desirable for improved handling and directional stability on roads, but could 

yield limited mobility performance on soft terrains. Vertical properties of the tires affect 

the vehicle ride responses, while vehicle handling and directional stability analyses 

necessitate characterization of longitudinal and lateral force properties of the tires. The 

characterizations of tire forces and moments, however, are quite complex due to highly 

nonlinear tire properties, and continue to be the focus of many studies. 

The reported studies on off-road vehicle ride dynamics have employed tire models 

ranging from the simplest linear point-contact model to a complex adaptive footprint tire 

model, as shown in Fig. 1.3 [91,94,97,115-118]. The simple linear point-contact model, 

however, has been most widely used, where the tire is represented by its equivalent 

vertical stiffness and viscous damping constants with a single contact point with the 

terrain surface. Such tire models have proven to be effective for studies on road vehicles, 

particularly for relative analyses of different suspension concepts. Such a model, 

however, would not be adequate for off-road vehicles operating on highly rough and 

deformable terrains. This is partly attributed to overestimation of the contact pressure and 

thus the sinkage of the point-contact tire model together with lack of consideration of 

tire-terrain interactions in the shear mode loss of tire-terrain contact [115-119]. A few 

studies have also incorporated a nonlinear point-contact model of the tire in order to 

account for tire-ground loss of contact, while such models invariably assume 

undeformable terrains [120].  

Captain et al. [115] and Xiding et al. [116] employed fixed footprint tire models to 

describe the vertical tire-terrain contact force distributed over a fixed footprint length. 

These models are also limited to vertical tire-terrain interactions only, while the terrain 
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deformation is ignored. Alternatively, adaptive footprint models comprising radial spring 

elements distributed uniformly over the contact patch have been proposed to characterize 

both the resultant vertical and horizontal forces within the contact patch, as shown in Fig. 

1.4 [115,116,121]. It has been shown that the linear point-contact and fixed footprint 

models could provide good estimations of the vehicle ride response only in the low 

frequency range, while the adaptive footprint model yields better predicts of in the entire 

frequency range. 

 
Figure 1.3: Tire models used for ride dynamic analysis [117]. 

 

Three-dimensional point-contact tire models have also been proposed to generate 

horizontal and vertical forces developed at the tire-terrain interface [101,110,112]. These 

models employ linear stiffness and damping components in either parallel or series 

arrangements, as shown in Figs. 1.5 (a) and 1.5 (b). It has been shown that the point-

contact tire model in series yield better agreements with measured acceleration responses 

of an agricultural tractor along all the translational axes [101]. It has been shown based 

on the measurements that the carcass characteristics in the lateral direction could be 

modelled by a parallel spring/damper unit (Kelvin unit), and the tire-ground interaction 

could be represented by a viscous damper in series with the Kelvin unit, which is called 

as visco-plastic model, as seen in Fig. 1.5(c) [110,119]. Although comprehensive finite 
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element tire models have been widely reported for characterizing multi-axis tire-terrain 

interactions [122], such models could find only limited applications in ride dynamic 

analysis of vehicles due to associated complexities and high computational demands. 

P1

P2
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Zwc

Ground reference

Terrain profile

Radial spring

Damper

 
Figure 1.4: Adaptive footprint tire model. 

 

 
Figure 1.5: (a) tire model consisting of spring and damper in parallel [100]; (b) tire model 

consisting of spring and damper in series [101]; and (c) visco-plastic model [110, 119].  

 

A number of regression-based empirical models have been developed for describing 

longitudinal and lateral forces developed by the tires. Among these the Magic Formula 

(MF) tire model, developed by Pacejka [123,124], has been widely employed in handling 

and directional dynamics analyses of road vehicles. The MF tire model is a complex 
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regression relation, which can be calibrated using the experimental tire data that yields 

the relationships between the tire cornering force and slip angle, braking force and 

longitudinal slip (skid), or self-aligning torque and slip angle. The MF tire model is 

described: 

                                                                  (1.5) 

                            

where Y(X) represents the result such as tire cornering force or braking force, or self-

aligning torque, and X is the side-slip angle or the longitudinal slip. The constants B, C, D 

and E are the stiffness, shape, peak and the curvature factors, respectively, and Sv and Sh 

are the slip variables. The cornering force due to off-highway vehicle tires has been also 

described  by Metz [125] proposed a cornering force model in the result and empirical 

relation assuming negligible camber  effect and longitudinal wheel slip, given by:  

                                                                     (1.6) 

where Fy and Fz are cornering and the normal tire forces, respectively, and α is the tire 

slip angle. B is a constant dependent upon the tire load and terrain surface, such that: 

  
 

 
 
   

  
 
 

 
 

 
                                                         (1.7) 

where FZT is the nominal tire design load at the design operating pressure, m is an 

exponent (equal to 0.14), and A, C and D are constants dependent upon the terrain 

condition, as seen from Table 1.3. The tire cornering stiffness CFα for small slip angles 

can thus be estimated from:   

CFα=A×B×Fz                                                                (1.8) 

The MSC.ADAMS software integrates the longitudinal and lateral tire forces 

relations denoted as the ‘Fiala model’ [126]. The Fiala tire model uses mathematical 
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equations to represent the tire force and moment characteristics assuming rectangular 

contact patch or footprint, uniform pressure distribution across the contact patch, and 

negligible tire relaxation and camber effects. The Fiala model is considered meritorious 

over the other models since it requires only a few directly measurable physical and 

geometrical parameters. The model also provides estimations of vertical force on the 

basis of the vertical stiffness, unloaded radius, and damping ratio. 

Table 1.3: Parameters for the Metz tire model for different types of terrain surfaces [125]. 

Constants Highway 
Plowed 

field 
Gravel Corn field Meadow 

A 0.67 0.65 0.52 0.53 0.88 

C 0.677 0.267 0.588 0.440 0.784 

D -0.563 -0.222 -0.489 -0.365 -0.652 

 

The off-road vehicles tires penetration into the deformable soils, however, influences 

the tire forces significantly. The tire-tread penetration is a function of soil shear strength 

expressed by soil cone index, soil cohesion and internal shearing resistance [101,118]. 

The forces developed by tires operating on deformable soils have been estimated on the 

basis of a parameter known as the mobility number       , which defined through a 

dimensional analysis of the measured data considering the effects of tire size, load and 

soil cone index [118], the mobility number of a tire is derived from: 

     
       

  

          
   

                                                                                  (1.9)  

where    is soil cone index, and  ,    and   are the tire width, diameter and section 

height, respectively.   is the tire deflection and    is the tire normal load.  

The lateral force developed by the tire is defined as a function of two constants, 

   and   , dependent upon EMOB , vertical load  and corresponding slip angle   , such 
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that [118]: 

                                (1.10) 

     
    

     
                                              (1.11) 

The above model can also accounts for tire lag associated with buildup of the lateral 

force, which is notable in off-road vehicle tires [101]. The lateral force developed by a 

tire can be thus derived assuming the first-order tire dynamics, where the relaxation time 

constant  , directly relates to the relaxation length    and the forward speed u     

      [118]: 

                                         (1.12) 

1.2.4 Terrain roughness 

The characterization of off-road terrains roughness is quite complex since it varies with 

the local conditions of a region, soil properties and the number of vehicle passes [127-

129].The terrain roughness properties are thus generally estimated from surface elevation 

measurements. International standard organization (ISO) has proposed relationships 

between the power spectral densities (PSD) of roughness of various classes of 

undeformable roads with the spatial frequency, as [114]: 

       
           

 
 
   

            

           
 
 
   

          

                                               (1.13) 

where       is PSD of road surface elevation,         is a roughness constant defined 

for different classes of roads at the spatial frequency        , and N1 and N2 are 

waviness of the terrain. The surface roughness properties of various undeformable off-

road terrains have also been characterized and expressed by the following power relations 
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[114,130-132]: 

( ) ; 0 and 0Z r rG                                                    (1.14) 

where the constants αr and β are the roughness coefficients and wavinesses of the terrain, 

respectively, which are generally identified from the measured terrain profiles.  

 
Figure 1.6: Roughness characteristics of different surfaces. 

 

The roughness characteristics of the terrain profiles reported for the plowed field, 

pasture, highway with gravel, smooth highway, and rough runway [114], and the MVEE 

(Military Vehicle Engineering & Establishment) random course [131,132] are compared 

in Fig. 1.6. The results clearly show that the unpaved terrains exhibit greater roughness 

compare to the paved roads. The spatial power spectral density (PSD) of the terrain 

roughness may also be expressed by a rational PSD function in temporal frequency and 

operating speed to synthesize the time-history of the terrain roughness by applying a 

random white noise signal of unity power [133]. The reported models describe the 
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average roughness of the terrain profile, while the roughness of the two tire tracks has 

been addressed in only a few studies [134,135]. The correlations between the terrain 

roughness encountered by the two tires tracks is vital for the study of roll ride and roll 

dynamics of the vehicle. 

1.2.5 Vehicle Suspensions 

Owning to increasing demands on higher speeds and operating capacity, the current 

design practices for ASVs seem to be converging towards large-diameter soft tires, while 

employing suspended seat and/or cab suspension for cushioning the vibrations/shocks 

transmitted to human operators, instead of axle suspensions that can deteriorate the 

vehicle roll stability limits [103,111,136-138]. The suspension seats are most widely used 

in such vehicles to limit the vertical vibration exposure of the operator. There are 

designed with low natural frequency, in the order of 1.5 Hz, with suspension travel 

generally limited to ± 5 cm by introducing elastic end-stops [8-10,139-143]. Although 

some studies have considered active seat suspensions in the bounce, roll and pitch modes 

[144,145], the associated cost and power consumption are considered prohibitive for their 

implementation.  

The off-road vehicles vibration along the lateral and vertical axes predominate around 

1 and 2.5 Hz, respectively. The design of a passive seat suspension for limiting the low-

frequency lateral vibration is considered infeasible due to very low frequency of lateral 

vibration [136,146,147]. It has been shown that multi-axis passive seat suspension could 

provide attenuations of bounce, pitch and longitudinal vibrations in off-road tractors, 

while the reductions in low frequency roll and lateral modes would impose extreme 

design challenges [136]. The suspension seats applications in off-road vehicles, including 
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ASVs, have been mostly limited to a vertical suspension. The performance of such 

suspension seats are generally limited under high intensity ride vibration, which cause  

suspension seat to exceed its free travel and thus transmit high intensity vibration or 

shock motions to the operator due to the end-stop impacts. A few studies have shown that 

the suspension seat does not offer significant reduction in high intensity vertical 

vibration, which is attributed to lack of suspension tuning with regard to the intensity and 

frequency contents of the target vehicle vibration [14,15]. Cation et al. [1] measured the 

vibration encountered at the occupant-seat interface and the cabin floor of forestry 

skidders, and found no evidence of reduction in transmitted vertical vibration. This 

finding was also confirmed by Wegscheid [107] for the skidders. These studies further 

concluded that a vertical suspension seat may even amplify the vibration transmitted to 

the operators.  

Alternatively, various concepts in cab suspension have also evolved to attenuate 

vibration along the translational as well as rotational axes [91,102,136,138]. Different 

concepts in cab suspension involving vertical (natural frequency range of 0.8 and 1 Hz), 

pitch (0.6, 0.85 and 1.2 Hz) and roll (0.5 Hz) suspensions have been investigated for off-

road vehicles, particularly agricultural tractors [91,103]. The studies have shown that the 

vertical and pitch vibrations could be effectively attenuated by a passive cab suspension, 

while same challenges exist for control of low frequency lateral and roll vibration. The 

performance potentials of rubber, air and hydro-pneumatic mounts, and spring-damper 

suspension, at the cabin have been investigated analytically and experimentally [136]. It 

is shown that the ride improvement obtained via cab suspension is significantly superior 

to that obtained from a vertical seat suspension in the low frequency region. However, the 
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studies illustrated that isolation of the lateral and roll modes still remains quite complex 

by means of a cab suspension [103]. It has also been shown that suspension design with 

nonlinear damping elements is more effective than those with linear damping [102,103]. 

The implementation of a suspension at the cab is also considered to be complex in small-

size vehicles, where the cab is generally directly welded to the chassis along with the 

ROP structure. It can thus be concluded that the secondary suspensions are not effective 

in limiting the transmission of fore-aft and lateral vibration, whose magnitudes are known 

to be either comparable to or exceed that of the vertical vibration [1,11]. In addition, 

performance of secondary suspensions, generally derived from subsystem models of the 

seat and cab suspensions [9,10,13,14], may be also limited due to lack of consideration of 

dynamics of the target vehicle [14,15]. 

Owning to increasingly demand for high-speed work vehicles and enhanced ride 

comfort, the axle suspensions have been regarded to be most promising, particularly for 

the ASVs. These can help limit the stresses in the vehicle structure and components, apart 

from improved ride performance [20,30,94,97,105,139,140]. Although axle suspensions 

offer greater potential to reduce translational as well as rotational vibrations, relatively 

fewer studies have attempted design and performance analyses of such suspensions, 

where the enhancements in ride have been clearly demonstrated [17-21]. This may in-part 

be attributed to design challenges associated with conflicting requirements posed by the 

ride and roll stability measures, and wide variations in the axle loads. A number of studies 

have investigated various concepts in passive and semi-active anti-roll bars to enhance 

roll stability of heavy vehicles, while minimizing the negative effect on vehicle ride 

performance [148-150]. The use of anti-roll bars tends to add weight and could not 
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provide additional roll mode damping which is very important for dynamic roll stability 

[147]. 

A few studies have shown that tractors with both the front and rear axle suspensions 

could enhance the ride performance, when compared with those with only seat, cab or 

front axle suspension [20,94]. Although a soft rear axle suspension with light damping 

could provide good vibration reduction along the translational axes, it necessitates large 

suspension travel space and affects the roll stability in an adverse manner [20,97]. 

Various control strategies have also been investigated to develop semi-active and active 

suspension systems for heavy road and off-road army vehicles to achieve improved 

compromise between the vehicle ride, handling and roll stability performance 

[20,60,99,100,105,151]. The applications of such suspensions, however, are very limited, 

particularly for heavy commercial vehicles (both road and off-road), due to the associated 

high cost and weight, and reliability concerns. 

Rehnberg and Drugge [21] developed the virtual multi-body models of a wheel loader 

with and without axle suspensions to investigate the effect of introducing axle suspension 

on the vehicle ride performance. The simulation results revealed about 50% reduction in 

the longitudinal and vertical accelerations by using the front and rear axle suspensions. 

Only limited improvement in the lateral acceleration, however, was observed due to the 

high effective roll stiffness and the high location of the driver. Alternatively, anti-roll 

suspension concepts with a ride-height leveling function, such as interconnected hydro-

pneumatic suspensions [152-154], could be promising for ASVs.  

A few recent studies have explored passive interconnected mechanical or 

hydraulic/pneumatic suspension concepts to improve the roll dynamic performance of 



24 

 

heavy road vehicles without affecting the vehicle vertical ride [153-155]. The results 

demonstrated considerable potential of passive interconnected suspensions in enhancing 

vehicle roll stability. Ride and handling dynamics of a heavy vehicle involving different 

full-vehicle interconnected suspension arrangements have also been investigated based 

on a three-dimensional vehicle model [154,156]. Some of the proposed inter-connected 

suspension arrangements are shown in Fig. 1.7 [154]. The simulation studies suggest that 

a full-vehicle coupled hydro-pneumatic suspension could provide considerable benefit in 

realizing enhanced ride and handling performance, as well as improved anti-roll and anti-

pitch properties in a flexible manner. 
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Figure 1.7: Full-vehicle interconnected suspension arrangements: (a) hydraulic; (b) 

pneumatic; and (c) hybrid [154]. 

 

1.2.6 Directional/roll stability dynamics 

Articulated frame steer vehicles with their enhanced mobility and manoeuvrability on off-

road terrains are widely used in the agricultural, construction, forestry and mining 
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sectors. These vehicles also operate on paved roads at relatively higher speeds and thus 

pose difficult handling and directional performance requirements. Such vehicles are 

known to exhibit relatively lower stability thresholds, particularly greater jack-knife and 

snaking tendencies, which are attributable to a number of factors [157-159]. These 

include the multi-axle vehicle design, large diameter tires and thus high mass centre (cg), 

operation on complex terrain conditions, wide range of operating speeds, and large 

vehicle load and load variations, in addition to the kinematics and dynamics of the 

articulated steering system.  

The ASVs also exhibit a strong coupling between the roll and yaw motions, which 

could cause yaw divergence leading to a potential rollover in the absence of a corrective 

steering action or speed reduction [151]. The vehicle is generally stable in roll when the 

lateral acceleration is lower than the rollover threshold, while a yaw instability could 

occur at a relatively low lateral accelerations levels at higher speeds [160]. The roll 

instability could thus be prevented by limiting the vehicle lateral acceleration, while the 

yaw instability may still occur [161]. The ground vehicles employing axle suspensions 

exhibit lower rollover threshold compared to unsuspended vehicles, which is attributed to 

greater sprung body roll motion and thus the lateral displacement roll moments. The roll 

and yaw directional dynamics of the vehicle are further affected by variations in tire loads 

due to varying terrain roughness and possible loss of tire-terrain contact [162]. 

The directional dynamics of road vehicles have been extensively evaluated using 

analytical and simulation-based methods [163-169]. While the industrial analysts often 

develop complex models to achieve greater accuracy, the academic researchers have put 

forward the view that typical industry-used vehicle models are too complex and 
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inefficient as design tools [170-172]. An ideal model should be capable of providing the 

concerned assessments and design evaluation with an acceptable accuracy with minimal 

complexity [172]. However, only a few reported studies could be found on directional 

analysis off-road vehicles, particularly the articulated steering vehicles. This is partly 

attributed to complexities associated with the dynamic modeling of the ASVs and low 

operating speeds of the ASVs. The vast majority of the reported studies on ASVs are 

limited to 3-DOF yaw-plane linear models to evaluate the yaw responses of the vehicle, 

assuming negligible contributions due to vehicle roll, vertical tire-terrain interactions and 

linear stiffness representation of the frame steering [28,29,157-159].  Furthermore, while 

a number of roll and yaw directional performance measures have also been defined for 

heavy road vehicles for assessing their safety dynamics [173], only a few efforts have 

been made on roll stability measures of the off-road vehicles. These are mostly limited to 

static slope/cross-slope stability margins for developments in various ROP structures and 

rollover early-warning devices [174-176].  

Considering the increasing demand for high-speed ASVs, it is essential to develop 

comprehensive directional dynamic models of the ASVs. Furthermore, the articulated 

frame steer vehicles are known to be inherently directionally unstable and exhibit jack-

knife tendency about the pivot, particularly at higher speeds [158,159]. Some of the 

reported studies on the directional dynamic of the ASVs have established that the 

hydraulic steering system is the most essential design factor in view of the vehicle 

steering responses and stability [158,159]. Apart from the steering of the vehicle, the 

kinematics and dynamics of the hydraulic articulated frame steering system play a critical 

role in retaining directional stability of the vehicle. This suggests the need to enhance 
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understanding of contributions of the kinematics and dynamics of the steering mechanism 

behaviour to the directional dynamic responses of the articulated frame steer vehicles. 

The articulated frame steering responses are strongly dependent on both the 

kinematics and dynamics of the steering system and it’s coupling with the dynamics of 

the vehicle. The vast majority of the reported studies on characterization of directional 

responses have employed linearized low-order vehicle models together with a simplified 

articulated steering model characterized by an equivalent linear torsional stiffness and 

damping, while the kinematics properties of the steering mechanism are entirely ignored 

[28,29,157-159]. The reported studies have generally investigated three modes of 

instabilities namely the ‘Snaking’, ‘Jack-Knife’ and ‘Oversteer’, which have been 

observed with articulated frame steer vehicles [157,159]. Crolla and Horton [157] 

investigated the steering behavior and directional responses through an eigenvalue 

analysis of the 3-DOF linear yaw-plane model of the articulated steer vehicle, while the 

steering system was described by linear torsional spring and damping constants, as shown 

in Fig. 1.8. The study concluded that snaking and jack-knife types of instabilities could 

occur even at low speeds when the steering torsional stiffness is low. A higher torsional 

stiffness and damping of the articulated steering was thus suggested for enhanced vehicle 

stability limits. 

Horton and Crolla [158] further extended the model by replacing the equivalent 

torsional stiffness and damping by a linear model of the hydraulic steering system, 

although the kinematics of the steering struts and the joint was not considered. The 

results showed that an oversteer instability could occur at a speed above 24 m/s, which 

would lead to snaking mode as the driver attempts a steering correction, which was 
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confirmed through a full vehicle test conducted by Lopatka and Muszynski [27]. The 

study also concluded that the stability limits are more sensitive to the steering system 

properties, cg positions of the front and rear body, and rear body inertia [27,158,159].  

 
Figure 1.8: A three-DOF linear yaw-plane model of the articulated steer vehicle [159]. 

 

He et al. [159] investigated the oversteer jack-knife types of instabilities of an 

articulated forestry vehicle using the model reported in [158], and showed that an 

oversteer mode could evolve into jack-knife with low torsional stiffness at the 

articulation. Azad et al. [29,177,178] used the same 3-DOF planar linear model and a 

virtual multi-body dynamic model of the articulated forestry vehicle, as shown in Figs. 

1.9 (a) and 1.9 (b), to study the snaking instability of the vehicle. The study concluded 

that the rear-mounted load would negatively affect the snaking stability mode of the 

vehicle. The reported studies have also shown that an increase in tire lateral force would 

yield a moderate stabilizing effect, while the effects of tire longitudinal forces and 

aligning moments were negligible [158,177,178].  

The above studies have mostly considered yaw-plane models of the vehicle, where 

the contributions of roll motions of the articulated units are assumed to be small. A recent 

study [30] has developed a three-dimensional multi-body simulation model of an 
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articulated wheel loader with an axle suspension to study snaking and roll responses, 

while the steering mechanism was represented by equivalent linear stiffness and damping 

constants, as in the earlier studies.  The results showed a slightly negative effect of axle 

suspension on the snaking mode of the vehicle, which could be compensated by a refined 

design of the steering system. For a given pulse steering torque, a snaking instability 

could occur at speeds above 12.6 km/h, which was strongly influenced by the rear-body 

inertia and cg position, where the loaded vehicle with heavy rear-unit is most prone to 

snaking instability. The study suggested that an axle suspension would yield improved 

ride comfort, while the vehicle directional stability is mostly managed by the design of 

the steering system. 

(a) (b)
 

Figure 1.9: (a) Planar models of a forestry skidder [29]; and (b) a multibody model of an 

ASV for stability analysis [21]. 

 

The steering response of an ASVs is a nonlinear function of the steering valve flows, 

kinematic and dynamic responses of the steering struts, which may not be adequately 

reflected by the equivalent linear torsional spring and damping constants that have been 

invariably employed in the reported models. Kineto-dynamic analysis, comprising 

kinematic motions of the struts and dynamics of the vehicle bodies, is thus vital to 

identify desirable design of the steering system for enhancement of the lateral stability of 
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the vehicle. The kinematic model of the articulation dampers used in the articulated 

highway buses has been investigated by Rakheja et al. [179], which showed that the 

additional articulation damping forces, which are strongly dependent on the geometry of 

the damper struts, help improve the yaw stability of the articulated freight vehicle and 

reduce the side force demand on the tires. Although the study considered linear dampers 

at the articulation joint, the dampers configuration was similar to the hydraulic struts of 

the articulated frame steering system. 

While heavy road vehicles may exhibit a directional instability at relatively high 

speeds, the off-road vehicles can undergo roll instability at very low speeds. This is 

attributable to tire interactions with rough terrains with relatively large slopes and cross-

slopes. Moreover, uneven sinkages of left and right wheels on deformable terrains could 

yield greater sprung mass roll displacement and additional lateral load transfers leading to 

a lower roll stability limit. The static slope stability of an ASV could be 13º less when 

steered compared to that of the non-steered [30,175]. Hunter [175] summarized the 

primary causes of reduced roll and slope stabilities of ASVs as excessive tip angle, 

exceeding the static stability limit, high cg position, travelling at high speed over rough 

ground, and operations on terrain with steep slopes and cross-slopes. However, a large 

number of off-road vehicles tip- and roll-over have been attributed to driver’s 

misjudgments [175].  

The roll stability of the ASVs is affected by a number of design and operating factors 

such as front and rear track widths, cg heights and locations of the front and rear vehicle 

bodies, tire stiffness, articulation angle, and suspension spacing and effective roll stiffness 

(if employed). It has been shown that the tire stiffness has considerable effects on the 
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vehicle roll stability [111], and tires with high vertical stiffness would be desirable. Softer 

tires, however, are desirable for enhanced ride comfort and tractive performance on 

deformable terrains. This suggests the conflicting requirements on the tire property tuning 

and promising potentials of using axle suspensions. A stability triangle for 4-wheel drive 

logging machines with a pinned front axle during operation on inclined grounds at low 

speeds was defined by Gibson et al. [35]. The study was based on the static analysis using 

three support points including rear tires contact points and the front axle pin joint. An 

ASV is assumed to be potentially instable when the weight vector of the vehicle 

intersects the line forming a side of the defined stability triangle. For a given articulation 

angle and orientation of the vehicle on a slope, the slope at which rollover or tip-over 

may occur can be estimated based on this measure. The minimum stability point (i.e. the 

lowest slope when rollover or tip-over occurs) for a given articulation angle can also be 

determined. The stability triangle concept is similar to static stability factor (SSF) defined 

for heavy road vehicles, both of which do not consider the compliance of tire and the 

suspension system [35,175].  

The extensive efforts on directional dynamics of heavy road vehicles have also 

evolved a number of safety dynamic measures [180-186]. The reported simulation 

models [187-191], the performance measures and the methods could also be applied for 

analysis of articulated off-road vehicles. For instance, the overturning roll- and tip-over 

potentials of heavy road vehicles have been assessed using three different measures: 

Rollover Prevention Energy Reserve (RPER), Rollover Prevention Metric (RPM) and 

Critical Sliding Velocity (CSV) [192-194]. The static rollover threshold, however, is most 

widely used to assess the steady-turning roll stability of heavy vehicles. The static 
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rollover threshold of such vehicles is well below the normal road adhesion factor (0.6-

0.85), the lateral skid of the vehicle is thus not expected prior to a rollover. The roll 

instabilities in heavy vehicles are thus generally maneuver-induced. Two different 

measures have thus been proposed by El-Gindy [195] for assessing maneuver-induced 

rollover potentials: (i) Lateral Load Transfer Ratio (LTR), defined as the ratio of the 

absolute value of the difference between the sum of right wheel loads and sum of the left 

wheel loads, to the sum of all the wheels loads; and (ii) Rearward Amplification Ratio 

(RAR), a frequency dependent measure defined as the ratio of the peak lateral 

acceleration at the center of the gravity of the rearmost trailer to that at the cg of the 

tractor. Another dynamic measure was further proposed, which describes the effective 

damping or decay rate of the lateral acceleration response oscillations of the rearmost 

trailer of the articulated vehicle under a pulse steer input [195]. This measure, referred to 

as the ‘Yaw Damping Ratio’ is evaluated at a vehicle speed of 100 km/h, by applying a 

half-sine steering pulse of 80° over 0.1s interval. A rearward amplification of 2 or less at 

a speed of 88 km/h has been suggested acceptable for articulated vehicles by Winkler et 

al. [196]. 

1.3 Scope and Objective of the Dissertation 

From the literature review, it is apparent that the articulated frame steer vehicles transmit 

high magnitudes of translational and rotational vibration to the human operator, which 

could adversely affect the comfort, performance and the health of the operator. 

Furthermore, directional stability limits of such vehicles are considerably lower than the 

heavy road vehicles due to their operating environment involving complex terrain 

conditions. Despite of complex ride and directional performance of the articulated frame 
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steer vehicles, only a few studies have investigated the ride and directional response 

characteristics of ASVs. The reported studies have focused either on the ride dynamic 

evaluations or on the handling and directional properties. Moreover, the vast majority of 

the ride studies are based on field measurements, and the directional response studies are 

limited to planar models assuming negligible contributions due to roll motions and 

vertical tire interaction with random rough terrains. The tires-interactions with off-road 

terrains are most significant in view of both the handling and ride performance of off-

road vehicles. Moreover, the developments in primary suspensions for wheeled off-road 

vehicles including ASVs have been lacking due to the complex design challenges 

associated with conflicting requirements posed by the ride and roll/directional stability 

properties of the vehicle. 

Owning to increasing demands for high speed ASVs such as articulated dump trucks, 

it is vital to seek promising axle suspension designs for preservation of ride quality, and 

comprehensive vehicle models for assessment of both the ride and directional 

performance. It is thus desirable to develop integrated ride and handling multi-body 

dynamic models incorporating tire interactions with randomly rough terrains and kineto-

dynamics of the frame steering system to facilitate the design of high speed ASVs, and to 

identify desirable axle suspension designs to achieve an improved compromise between 

the ride and stability limits, which cannot be found in the literatures. 

1.3.1 Objectives of the dissertation research 

This proposed dissertation research is aimed at development of ride and handling model 

of an articulated frame steer vehicle, and an advanced axle suspension design concept, 

namely the torsio-elastic suspension, for enhancement of ride and stability performance 
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of ASVs. The overall goal of the dissertation research is to develop analytical/simulation 

tools for assessment of ride and handling properties of ASVs operating on both the paved 

and unpaved terrains. The specific objectives of the proposed dissertation are as follows: 

1. Investigate ride performance potentials of an advanced suspension concept, 

namely the torsio-elastic suspension, for applications in ASVs through field 

measurements and simulations, and to seek design guidelines for the proposed 

suspension through multi-objective optimization; 

 

2. Develop a comprehensive off-road vehicle ride dynamics model integrating a 

three-dimensional adaptive tire model for characterizing tire-terrain interactions 

along all the three translational axes considering coherence of the two terrain 

tracks;  

 

3. Formulate a kineto-dynamic model of the frame steering mechanism in 

conjunction with a nonlinear yaw-plane model of an articulated dump-truck, and 

investigate steering responses and stability limits of the ASVs; 

 

4. Develop an integrated ride and handling dynamic model of an articulated frame 

steer vehicle incorporating kineto-dynamic model of the frame steering 

mechanism, axle suspension, tire-terrain interactions and roughness properties of 

the two tire tracks for analyses of ride and directional response characteristics of 

the vehicle; 

 

5. Formulate performance indices, and investigate the effects of selected design and 

operating parameters on both the ride and directional stability measures so as to 

develop essential design guidance for the articulated steering mechanism and axle 

suspension. 
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1.3.2 Organization of the dissertation-manuscript based format 

This dissertation has been written according to the manuscript-based format based on the 

requirements described in “Thesis Preparation and Thesis Examination Regulation” 

booklet of the School of graduate Studies of Concordia University. This dissertation 

research is organized into 6 chapters including a literature review chapter (Chapter 1) 

describing systematic developments and analysis in achieving the above-stated 

objectives: 

Chapter 2 presents systematic developments in ride dynamic modeling of an 

articulated off-road vehicle, the axle suspension design, field assessments of the 

prototype suspension and ride simulation results. The results obtained during this initial 

phase of the study have been published in two different articles, which are listed below: 

1. A. Pazooki, D. Cao, S. Rakheja, and P-É. Boileau, “Experimental and Analytical 

Evaluations of a Tosio-Elastic Suspension for Off-Road Vehicles”, SAE 

International Journal of Materials and Manufacturing, 3 (1), 326-338, 2010. 

 

2. A. Pazooki, D. Cao, S. Rakheja, and P-É. Boileau, “Ride Dynamic Evaluations 

and Design Optimization of a Torsio-Elastic Off-Road Vehicle Suspension”, 

Journal of Vehicle System Dynamics, 49 (9), 1455-1476, 2011. 

 

These two articles describe torsio-elastic linkage suspension concept to achieve 

improved ride performance coupled with high lateral and roll stiffness. Analytical models 

of a forestry skidder with and without the torsio-elastic suspension at the rear axle were 

formulated assuming negligible contributions of the articulation. The data acquired from 

a comprehensive field test program involving a conventional skidder and a skidder 

equipped with the prototype suspension were analyzed to identify terrain properties and 

the ride characteristics. The data were used to verify the model and derive ride 

performance potentials of the prototype suspension. The model was further used to 
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identify optimal suspension parameters. For this purpose, a sensitivity analysis is 

performed to study the influences of variations in suspension design parameters on the 

ride performance evaluated under different operating conditions. The Pareto optimization 

based on the genetic algorithm method was further used to identify optimal suspension 

parameters in the second article. The second article, published in Journal of Vehicle 

System Dynamics, alone is presented in the thesis, which presents a more refined vehicle 

model together with suspension optimization. 

The limitations of the tire model used in the preliminary model were subsequently 

identified. The point-contact tire model, used in the above articles, lacked the tire-ground 

interactions in the shear directions and thereby provided poor predictions of longitudinal 

and lateral ride performance of the vehicle. The vehicle vibration along the lateral and 

longitudinal axes was observed to be quite high, and it became evident that a three-

dimensional tire model would be needed to predict the ride responses along the horizontal 

axes. Subsequently, an adaptive contact radial tire model was formulated and coupled 

with a lateral force model to incorporate tire interactions with the terrain along all the 

three-translational axes. Assuming small side slip angles and contact normal load, the 

lateral force developed by the tire was derived considering first order tire dynamics, and 

thus the tire lag. The time constant relates to the forward speed and the tire relaxation 

length. The three-dimensional tire model was integrated to the vehicle model with and 

without the rear axle suspension.The time-history of an equivalent undeformable forestry 

terrain was considered to synthesize roughness profiles of the two tire tracks through a 

proposed coherence function. This permitted better predictions of the vehicle roll and 

lateral ride responses.  
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The ride dynamic responses of the model were evaluated under excitations 

representing the proposed forestry terrain. The model validity was demonstrated by 

comparing the simulation results with the measured data. The ride responses were 

obtained for the vehicle model with and without a rear-axle suspension to further 

illustrate the ride performance potentials of the torsio-elastic suspension. The ride 

vibration response of the vehicle deriver was subsequently assessed on the basis of total 

whole-body vibration (WBV) exposure in accordance with the ISO-2631-1 guidelines 

[3]. The results of this segment of the study have been published in the following article, 

which is presented in chapter 3. 

3. A. Pazooki, S. Rakheja, and D. Cao, “Modeling and Validation of Off-Road 

Vehicle Ride Dynamics”, Mechanical Systems and Signal Processing,  28, 679–

695, April 2012. 

 

A yaw-plane model of the vehicle was subsequently developed to study directional 

response characteristics of the articulated frame steer vehicle. Owing to the significant 

effects of the frame steering design on the vehicle directional stability, a comprehensive 

kineto-dynamic model of the steering system was formulated and integrated to the 

vehicle model. The model was analyzed to identify yaw stability limits and steering 

responses of the vehicle. The model and the simulation results have been presented in the 

following article submitted for publication in the International Journal of Vehicle Design. 

4. A. Pazooki, S. Rakheja, and D. Cao, “Kineto-Dynamic Directional Response 

Analysis of an Articulated Frame Steer Vehicle” Journal of Vehicle System 

Design, Ref:  IJVD-38698 (Accepted subject to minor revisions, September 

2012). 

 

The above manuscript is presented in chapter 4 of the dissertation. The manuscript 

presents a comprehensive kineto-dynamic model of the frame steer system incorporating 

http://www.sciencedirect.com/science/journal/08883270/28
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the closed-loop steering valve dynamics and kinematics and dynamics of the steering 

struts considering fluid flows through the control valve, leakage flows and fluid 

compressibility. The kineto-dynamic model of the frame steering system was integrated 

to a nonlinear 3-dof yaw plane model of an articulated dump truck to investigate the 

effects of the combined kinematic and dynamic characteristics of the steering system on 

the vehicle directional dynamics and stability characteristics. The model also 

incorporated the tire-lag effect, as describe in the article in chapter 3. The proposed 

kineto-dynamic model of the steering system was validated on the basis of the limited 

measured data obtained from Hydrema [235]. The vehicle model integrating the kineto-

dynamic steering system model is then applied to evaluate directional response and yaw 

stability limits of the vehicle. The influences of selected steering and vehicle system 

parameters on the response measures were further evaluated. The relative stability limits 

were identified from the rate of decay of the articulation angle under a pulse steering 

input. The results revealed most significant effects of leakage flows, maximum flow rate 

and characteristic articulation angle error. The steering value saturation was observed 

under abrupt steering inputs, which caused weaving/snaking of the vehicle. 

In the final phase of the dissertation research, Chapter 5, a three-dimensional vehicle 

model is formulated in order to study integrated ride, roll and directional dynamic 

characteristics of the frame steer vehicle. The proposed model integrates the kineto-

dynamic model of the frame steering system to the three-dimensional ride dynamic model 

of the vehicle. The model, therefore, permits the coupled ride and handling analysis in the 

presence of vertical tire interactions with off-road terrains, and the effects of axle 

suspension on both the ride and roll dynamic responses. The model also permits the 
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analyses of effects of terrain roughness on directional responses and stability limits of the 

vehicle. The study also presents a set of performance measures for relative assessments of 

vehicle directional performance, which were established from the measures reported for 

heavy road vehicles. Simulations were performed to evaluate ride dynamic responses, 

together with the directional responses of the vehicle under different operating 

conditions. The model together with the simulation results have been presented in the 

following article that has been submitted to the International Journal Vehicle 

Performance. 

5. A. Pazooki, S. Rakheja, and D. Cao, “A Three-Dimensional Model of an 

Articulated Frame-Steer Vehicle for Coupled Ride and Directional Dynamic 

Analyses”, Submitted, October 2012. 

 

The published/submitted manuscripts presented in the thesis have been reformatted, 

while the article references have been grouped together are re-numbered. The highlights 

of the dissertation research together with the major conclusions and recommendations for 

future works are presented in Chapter 6. 
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CHAPTER 2 

RIDE DYNAMIC EVALUATIONS AND DESIGN OPTIMIZATION 

OF A TORSIO-ELASTIC OFF-ROAD VEHICLE SUSPENSION 

 

2.1 Introduction 

Wheeled off-road vehicles, employed in forestry, agriculture, mining, construction as 

well as military sectors are known to yield comprehensive magnitudes of low frequency 

ride vibration of whole-body nature. The logging tractors used for harvesting of trees in 

the forestry sectors, commonly known as the skidders, are unsuspended vehicles, which 

yield highly complex ride vibration along translational and rotational axes arising from 

dynamic interactions of the vehicle with uneven terrains. The whole-body vibration 

(WBV) environment of such vehicles exhibits predominance of shocks and jolts, 

characterized by high crest factors, particularly along the vertical and lateral axes [137,3]. 

It has been established that exposure to low frequency WBV derived from skidder’s 

operation, may well exceed the fatigue decreased proficiency limits defined in ISO-2631 

for all the three translational axes [137]. On the basis of extensive field measurements, 

Cation et al. [1] showed that the skidder operators’ vibration exposure exceeds the health 

caution guidance zone for a 4-h work day, as defined in the current international standard, 

ISO-2631-1[3]. The measured data revealed predominance of shocks, which was 

characterized by a high crest factor in the vicinity of 12 in the vertical axis. Neitzel and 

Yost [2] further showed that the 8-h equivalent vibration exposure of forestry workers, 

including the skidder operators, exceeds the 8-h exposure limit defined by the 

Commission of the European Communities [198]. The measured data further suggest that 

the WBV of a forestry skidder tends to dominate in the low frequency range (up to 5 Hz), 
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which can be partly attributed to large diameter soft tires with light damping.  

Exposure of high intensity and low frequency WBV has been widely associated with 

several musculoskeletal disorders among the human drivers [5,78,83]. Several 

epidemiological studies have established strong relation between exposure to WBV and 

low back pain (LBP) among the off-road vehicle operators [6,48,57,199,200]. A few 

studies have also established high prevalence of LBP among the forestry vehicle 

operators [57,199]. Despite the high intensity WBV environment of forestry skidders and 

the associated health and safety risks, only limited efforts have been made to control the 

transmission of vibration to the human operator. A forestry skidder is directly suspended 

on large diameter soft tires, which provide only very light damping. The ride vibration 

properties may thus be characterized by the response of a lightly damped mechanical 

system. Furthermore, vehicle operations on relatively rough terrains coupled with large 

size tires and high location of the operator contribute to high magnitudes of lateral and 

fore-and-aft vibration at the operator’s location. Although a number of primary and 

secondary suspension designs have evolved for different wheeled off-road vehicles 

[20,94,97,106], the implementation in forestry skidders has been mostly limited to low 

natural frequency vertical seat suspension [137]. This may be partly attributed to 

increased vehicle rollover or tipover risk associated with a primary suspension operating 

on forestry highly uneven terrains with considerable grade and cross-grade [201,202]. 

Suspension seats, designed with low natural frequency in the order of 1.5 Hz and free 

travel of ± 5 cm, are generally employed to attenuate vertical vibration in such vehicles 

[139,203,204]. The vehicle interactions with rough forest terrains may cause the 

suspension seat to exceed its free travel and transmit high intensity vibration or shock 
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motions due to end-stop impacts. Furthermore, a few studies have shown that the 

suspension seats used in skidders do not offer reductions in vertical vibration [1,107]. 

These studies also concluded that a vertical suspension seat may amplify the vibration 

transmitted to the operators. Alternatively, various concepts in cab suspension have 

evolved to attenuate vibration along the translational as well as rotational axes 

[103,131,136,205,206]. The vibration isolation performance characteristics of a prototype 

skidder cab supported on rubber and hydro-pneumatic mounts, and spring-damper 

suspension units have been investigated analytically and experimentally [136]. The study 

showed that the low frequency lateral vibration (predominant around 1 Hz) could not be 

attenuated by a suspension at the cab. Furthermore, the implementation of a suspension at 

the cab was considered to be quite complex in small size forestry vehicles, where the cab 

is often welded to the chassis along with the ROP structure. 

Alternatively, a number of primary suspension designs have been explored for 

agricultural and construction vehicles to achieve improved ride comfort for operators and 

reduce stresses in the vehicle structure and components [43,93,94,97,207]. Similar 

developments in primary suspensions for forestry skidders have been lacking, which may 

be partly attributed to concerns related to reduced roll and lateral stability due to low 

natural frequency suspension, the requirements of high roll and pitch stiffness, 

complexities associated with implementation of a wheel suspension since the axles are 

generally welded to the chassis structure; and extreme variations in the axle loads that 

would pose considerable design challenge. 

In this chapter (paper), a concept in a torsio-elastic linkage suspension is presented to 

achieve improved ride performance coupled with high lateral and roll stiffness. The 
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performance potentials of the proposed concept are investigated analytically and through 

field measurements of a prototype suspension. The influences of variations in the 

suspension design parameters on the ride performance are further presented through a 

parametric study and optimal suspension parameters are identified using the Pareto 

optimization based on the genetic algorithm method. 

2.2 Ride Dynamic Modeling of an Off-Road Skidder 

Fig. 2.1 schematically shows a wheeled log skidder with a single articulation. A 3 degree-

of-freedom (DOF) ride dynamic model of the conventional skidder is formulated 

assuming constant speed operation and negligible contributions of the articulation 

mechanism to the vertical, roll and pitch responses. Considering that the axles are welded 

to the vehicle frame, the frame together with the axles and the cabin can be considered as 

a rigid mass supported on four tires, which are modeled by linear damped springs with 

point contact with the terrain, as illustrated in the pitch and roll-plane models in Fig. 2.2 

The equations of motion for the vehicle model subject to terrain excitations at the four 

tire-terrain contact points are derived as follows:  

    0;0 432211

4

1

 TTTTsYYSTiss FFWBFFWBIFzm    

    04231  TTTTsXXS FFTFFTI 
          

(2.1) 

 
Figure 2.1: Schematic of a wheeled forestry skidder. 
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where ms, IYYS and IXXS are the mass, and pitch and roll mass moments of inertia of the 

vehicle, respectively. T is the half-track width, assumed to be identical for both axles, and 

WB1 and WB2 are longitudinal coordinates of the front and rear axles with respect to 

vehicle center of gravity (cg). zs,    and s are vertical, pitch and roll displacements, 

respectively, of the sprung mass about a static equilibrium, and iTiiTiTi qCqKF   is the 

force developed by tire i (i=1,2,3,4), where TiK and TiC  are the linear stiffness and 

damping coefficients of tire i, and iq  is its deflection, given by: 

  .4,32;2,11;)1(1 0  iforjandiforjzTWBzq is

i

sj

j

si     (2.2) 

where iz0 is the terrain elevation at the interface of tire i .  
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Figure 2.2: Pitch- and roll-plane representations of a conventional skidder: (a) Pitch-

plane; (b) Roll-plane, (front axle; front view); and (c) Roll-plane, (rear axle; rear view). 
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2.3 Torsio-Elastic Suspension Concept 

The torsio-elastic suspension consists of a linkage that is oriented along the vehicle 

lateral axis and couples the vehicle body (sprung mass) with the unsprung mass. The 

suspension linkage mechanism envelopes two 0.6 m long tubular shafts of elliptical cross 

section (43 mm   38 mm), oriented along the vehicle longitudinal axis, directly coupling 

the sprung and unsprung masses through a series of clevises, as illustrated in Fig. 2.3(a). 

Each tubular shaft comprises an elastomeric bar reinforced with a 16 mm metallic shaft in 

the center. The nominal width of the suspension link is 160 mm, while its length could be 

varied depending upon the desired load carrying capacity.  

 
(a) 

 
                              (b)                                                                       (c) 

Figure 2.3: The prototype rear-axle torsio-elastic suspension: (a) isometric schematic; (b) 

pictorial view; (c) roll-plane illustration of the suspension. 

Torsio-elastic 

Suspension linkage
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The torsio-elastic suspension is introduced at the rear axle of the vehicle by 

eliminating the rigid coupling between the chassis and the rear axle, while providing high 

effective roll stiffness due to restoring moment capability of the torsional shafts. A 

pictorial view of the suspension fitted to the rear axle of a skidder is shown in Fig. 2.3(b), 

while the suspension with the sprung and unsprung masses in the roll plane is 

schematically shown in Fig. 2.3(c). The laterally-oriented linkage suspension undergoes 

relative roll motions between the unsprung and sprung masses, which yields a kinematic 

advantage and absorption of energy due to torsional deflections of each composite shaft. 

In addition, the composite shaft could also undergo radial deflection. 

2.4 Development of a Ride Dynamic Vehicle Model with Rear-Axle Suspension 

The log skidder, retrofitted with the proposed torsio-elastic suspension at the rear-axle, is 

analytically modeled as a 13-DOF dynamic system. Figures 2.4(a) and 2.4(b) illustrate 

the pitch and roll planes of the full-vehicle model with the rear-axle suspension, 

respectively, while the detailed linkage suspension model is shown in Fig. 2.4(c). The 

vehicle body, chassis, cab, and the mounted equipment together with the front axle are 

represented by a lumped sprung mass ( sm ) with four-DOF: vertical (zs), roll (s), pitch 

(θs), and lateral (ys). The rear axle is represented by a rigid body with three-DOF: vertical 

(zur), lateral (yur), and roll (ur). Each suspension link on the right and left sides is 

considered to possess three-DOF motion along the vertical (z3, z4), roll (3, 4), and 

lateral (y3, y4) directions. Each tire is modeled as a parallel combination of linear energy 

restoring and dissipative elements, assuming that the tire remains in contact with the 

terrain through a point contact model. The torsio-elastic suspension is characterized by its 

radial and torsional visco-elastic properties.  
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Figure 2.4: Schematic representation of the 13-DOF suspended vehicle model: (a) roll 

plane; (b) pitch plane; and (c) torsio-elastic suspension linkage mechanism. 
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The radial visco-elastic properties are represented by linear stiffness and damping 

elements along the vertical (kz, cz) and lateral (ky, cy) axes, while the torsional properties 

are characterized by linear torsional stiffness and damping coefficients (kt, ct). The 

equations of motion for the vehicle model subject to terrain excitations at the four tire-

terrain contacts points are formulated as follows:  

 

  0
4

3

2

1

 
 i

zi

i

Tiss FFzm  ;           0
2

1

4

3

 
 i

TYi

i

yiss FFym   

      01

2

1

12

4

3

13434  


RhhFFFThFLFFMMI
i

TYiTT

i

yizzsssXXS   

01

2

1

2

4

3

 


WBFWBFI
i

Ti

i

zisYYS


 

0
4

3

4

3

 
 i

ziu

i

Tiurur FFzm  ;  0
4

3

4

3

 
i

TYiyiuurur FFym   

     043

4

3

01143  


uu

i

ziuyiuTYiTTurr MMLLFhFRFTFFI 

 

00 44443333  zuzzuz FFzm;FFzm   

    0
2

;0
2

44
0

444433
0

3333  uszuzuszuz MM
L

FFIMM
L

FFI     

00 44443333  yuyyuy FFym;FFym         (2.3) 

where      and       are roll and pitch mass moments of inertia of the sprung mass, 

respectively. Ir, I3 and I4 are the roll mass moments of inertia due to rear axle, and right 

and left suspension links, respectively. The geometric parameters L0, L1, R, h and h1 are 

illustrated in Fig. 2.4 In the above equations, subscripts “3” and “4” of the forces or 

moments refer to those developed by the right- and left-suspension units, respectively. Fz4 

and Fz3 are vertical forces acting on the sprung mass developed due to left- and right-axle 

suspensions, respectively. Fz3u and Fz4u are the corresponding forces acting at the 
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unsprung mass attachments. (Fy3, Fy4) and (Fy3u, Fyu4) are the lateral forces acting on the 

sprung and unsprung masses, respectively, due to radial stiffness and damping properties 

of the torsio-elastic suspension, and (Mθ3s, Mθ4s) and (Mθ3u, Mθ4u) are the respective roll 

moments acting on the sprung and unsprung masses. FTYi (i=1,…,4) are lateral forces 

developed at the tire-terrain interfaces. The forces and the moments developed due to the 

tire and suspensions are described in details in the Appendix 2-A.  

The coupled differential equations of motion of the 13-DOF skidder model can be 

expressed in the following matrix form: 

              00 qKqCqKqCqM FF                                                                (2.4) 

where [M], [C] and [K] are )1313(   mass, damping and stiffness matrices, respectively, 

and [CF] and [KF] are (13×4) forced damping and stiffness matrices. {q} and {q0} are the 

vectors of generalized and excitation coordinates, given by: 
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The superscript “ ' ” in the above equations denotes the transpose. The equations of 

motion of the 3-DOF unsuspended vehicle can also be presented in the matrix form of 

Eq. (2.4), where the generalized coordinate vector is {q}={zs, θs, s}'. 

2.5 Field Measurements of Vehicle Ride Vibration Responses 

Field tests were performed to measure and compare the ride vibration characteristics of a 

conventional unsuspended skidder and a skidder fitted with the proposed torsio-elastic 

suspension at the rear axle. The two vehicles (TREE FARMER C6D) were identical in all 

respects except for the rear-axle suspension. Both the vehicles employed a cushioned seat 

without a suspension and were instrumented to measure the vibration responses at the 
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cabin floor along the vertical, fore-aft, lateral, roll and pitch directions during the 

transport operation under loaded and unloaded conditions. The measured data were 

analyzed to obtain relative ride properties of the suspended and unsuspended vehicles. 

The data acquired with the unsuspended vehicle were further applied to obtain an 

estimate of the terrain properties, while those with the suspended vehicle were used to 

examine validity of the 13-DOF ride dynamic model and to assess the potential ride 

benefits of the proposed suspension. 

2.6 Measurement Methods and Data Analyses 

A total of six accelerometers were installed on the cabin floor of each vehicle to measure 

vibration responses along the fore-aft (x), lateral (y), vertical (z), roll () and pitch (θ) 

axes. Fig. 2.5 illustrates a schematic of the accelerometers located at the cab floor, 

together with the distances between the various accelerometers. One accelerometer was 

mounted beneath the driver seat to capture vertical vibration near the driver seat, 

indicated as “4”. Three accelerometers, “1”, “2” and “3”, oriented along x, y and z-axes, 

respectively, were installed at rear-left of the cabin, and two single-axis accelerometers 

were mounted at the front-left, “5”, and front-right, “6”, of the cabin at the floor level. 

The roll and pitch acceleration response characteristics of each vehicle were derived from 

the measured vertical accelerations using kinematic relations, while assuming small 

angular motions and negligible contribution due to structure flexibility, such that: 

  
  

       

 
               

       

 
            (2.6) 

where   
  and     are roll and pitch accelerations of the vehicle cabin, respectively, and    , 

    and     are vertical accelerations measured at locations 5, 6 and 3, respectively, as 

shown in Fig. 2.5 The lateral spacing between accelerometers 5 and 6 is denoted by Bac, 
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and Lac is longitudinal spacing between accelerometers 3 and 5.  

It should be noted that measurements of vibration levels at the operator seat were not 

attempted, since such vehicles may employ widely different types of seats with or 

without a suspension. The vibration transmitted to the driver’s seat, however, was 

evaluated for exposure assessment. For this purpose, the fore-aft (    ) and lateral (    ) 

acceleration levels at the driver-seat interface were estimated from those measured at the 

cab floor, assuming small rotations and negligible effects of the seat cushion, such that:  

cmcm hyyandhxx    2010 ;                                               (2.7) 

where h is the seat height from the cabin floor, and     and     are the longitudinal and 

lateral accelerations measured at the cab floor using accelerometers 1 and 2, respectively 

(Fig. 2.5). Although the seat cushion was expected to influence the cab floor vibration 

transmitted to the operator, particularly at frequencies above 3 Hz, the vertical 

acceleration (   ), measured beneath the seat, was considered for the exposure assessment, 

such that         , where      is the vertical acceleration at the operator-seat interface.  

 back 

axle

Front 

axle

Right side

 

6

3

seat

4

1

2

Cabine floor

5

seatbase

Z

Y

X


acT

acL
 

Figure 2.5: Locations of accelerometers on the cabin floor: “1”, “2”and “3”, oriented 

along the x, y  and z -axes at the rear-left, respectively; “4” at the seat base along z -axes; 

“5” front-left along z -axes; and “6” front-right along z -axes. 
 

The measurements were performed while the two vehicles were driven in a forest in 

Eastern Quebec (Canada) by the same driver. The driver was advised to operate the 
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vehicle at a steady speed near 5 km/h, and the accelerometers signals were acquired in a 

multi-channel data recorder. The measurements were acquired while the vehicles were 

driven forward along the selected trails and return to the start location. The duration of 

each measurement ranged from 5 to 15 minutes. The measured signals were manipulated 

to compute the roll and pitch accelerations of the cabin using Eq. (2.6), and the 

acceleration responses at the seat (    ,     ,     ) using Eq. (2.7). The time histories of 

the resulting acceleration signals were subsequently analyzed using a multi-channel 

signal analyzer to derive power spectral density (PSD) spectra of accelerations along the 

fore-aft, lateral and vertical-axes at the seat, and along the fore-aft, lateral, vertical, roll 

and pitch axes at the cab floor. 

The spectra were evaluated using a bandwidth of 100 Hz and frequency resolution of 

0.125 Hz considering a 75% overlap. The overall unweighted and frequency-weighted 

rms accelerations at the seat were also obtained for relative ride assessments of the 

suspended and unsuspended vehicles. The frequency-weighted rms accelerations were 

computed using the Wk–, Wd– and We–weighting filters defined in ISO-2631-1 [3] for 

vertical, horizontal and angular accelerations, respectively. 

2.7 Response Analyses of the Vehicle Model 

The coupled differential equations of motion for the 3-DOF and 13-DOF models of the 

conventional and suspended vehicle models, respectively, were solved in the frequency-

domain to obtain ride vibration responses at the operator seat and cab floor. The spectral 

densities of the generalized response coordinates could be derived from the complex 

frequency response function of the models, such that:   

                       (2.8) '*)]()][()][([)]([  jHjSjHjS i
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where         is the (3×4) and (13×4) complex transfer function matrices of the 

conventional and suspended vehicle models, respectively. The superscript “'*” denotes 

the transposed complex conjugate of the transfer function matrix. In the above equation, 

        is the spectral density matrix of the generalized response coordinates, and 

         is the (4×4) matrix of the spectral density of elevations at the four tire-terrain 

interfaces, given by: 
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where   is the amplitude of the terrain elevation, which is related to the vehicle speed U 

and the spatial PSD of the terrain roughness GZ(Ω) as a function of the spatial frequency 

Ω of the terrain profile, such that:             .    defines the correlation between 

the front and rear wheels in the pitch plane, and    describes the correlation between the 

right- and left- wheels in the roll plane. The correlation between the front and rear wheels 

excitation can be expressed as a function of the vehicle speed and the wheelbase [208], 

such that:        . 

The roll excitation due to unevenness of the two tracks of the terrain is estimated by 

generating a randomly distributed cross-slope function in the following manner: 

2 (0.5 )T rnd                                                        (2.10) 

where rnd is a Gaussian random number generated between 0 and 1. The random cross-

slope is expressed in terms of an equivalent time delay between the right- and left-wheels 

in a manner similar to that described for the front- and rear-axle wheels, such that: 

      . 
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The response characteristics at the driver-seat location (    ,     ,     ) are evaluated 

using the coordinate transformations. The frequency response transfer function matrix 

relating displacement responses at the seat (xs0, ys0, zs0, θs0, s0) to the generalized 

coordinates is formulated as: 

                        (2.11) 

where [R] is (5×3) or (5×13) coordinate transformation matrix relating the generalized 

coordinates with those at the operator seat for the conventional and suspended vehicle 

models, respectively.           is the (5×4) frequency response function matrix relating 

the response vector at the seat to the excitation coordinates. The PSD of displacement 

responses at the seat can be subsequently evaluated from: 

'*

000 )]()][()][([)]([  jHjSjHjS sis

d

s                                                 (2.12) 

where     
       is the (5×5) matrix of PSD of displacement responses at the seat. The PSD 

of acceleration response at the seat     
       is subsequently computed from: 

)]([)]([ 0

4

0  jSjS d

s

a

s                                                               (2.13) 

2.8 Estimation of an Equivalent Terrain Profile 

The analysis of ride dynamic model of the forestry skidder requires characterization of 

roughness properties of the forestry terrain. Although the surface roughness properties of 

various undeformable off-road terrains have been characterized and expressed by 

regression models in many studies [130-132], a description of a forestry terrain could not 

be found. Furthermore, the surface roughness of a forestry terrain may vary with local 

soil properties and number of passes of the vehicle [127, 128]. In this study, roughness of 

the forestry terrain is estimated from the measured responses of the unsuspended vehicle 

in conjunction with its 3-DOF model. For this purpose, the 3-DOF vehicle model was 
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initially analyzed by considering a random terrain excitation derived from a roughness 

model of the form [114]: 

( ) ; 0 and 0Z r rG                 (2.14) 

where constants αr and β are the roughness coefficient and waviness of the terrain, 

respectively, which are generally identified from measured roughness profiles. The 

temporal frequency of the terrain excitation is computed from f=ΩU. The constants αr 

and β were identified from the measured responses of the conventional skidder. For this 

purpose, a minimization problem was formulated to minimize sum of squared normalized 

errors between the model and the measured responses at the vehicle cg at several discrete 

frequencies, such that: 
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where ε is the error function corresponding to a discrete circular frequency ω. 

                are the vertical, pitch and roll acceleration responses of the 

unsuspended vehicle model, respectively.  

In the error function,     refers to the measured vertical acceleration transformed to the 

vehicle cg, which is estimated from the measured vertical acceleration beneath the seat 

(   ), and measured roll (  
 ) and pitch (   ) accelerations of the cabin: 

cycxc llzz    4                                                               (2.16) 

where lx and ly are longitudinal and lateral distances between the vehicle cg and the seat 

base, respectively, as shown in Fig. 2.2.  

The minimization problem was solved at 150 different discrete frequencies of 
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excitation in the 0.375 to 25 Hz range using Matlab optimization toolbox [210], assuming 

a constant forward speed of 5 km/h. The starting values of parameters were taken as those 

for a plowed field (αr=6.5×10
-4

; β=1.6) [114]. The solutions were also attempted for 

different starting values, which converged to very similar values of the parameter vector 

at each frequency. The solutions of the minimization problem provided the parameter 

vector values corresponding to each discrete frequency, which showed considerable 

variation with the frequency. The identified coefficients were subsequently applied to the 

roughness model in Eq. (2.14) to determine terrain roughness in terms of spatial PSD of 

the profile, GZ(Ω). Fig. 2.6 illustrates variations in spatial PSD as a function of the spatial 

frequency Ω. The results clearly show considerable scatter in the spatial PSD data. A 

power regression function of the form, defined in Eq. (2.14), was subsequently fitted to 

the data to obtain estimates of the probable roughness coefficients, which resulted in the 

following roughness model with a correlation coefficient (r
2
) value of 0.6425. 

7528.14101)(  ZG                                                 (2.17) 

 
Figure 2.6: Spatial spectral density of terrain elevation identified from measured data at 

various discrete frequencies and the power regression curve (r
2
=0.6425). 
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The above roughness model of the forestry terrain may be considered to represent 

roughness profile of an equivalent undeformable terrain. The identified roughness model 

coefficient and the roughness profile are compared with those reported for the plowed 

field and pasture [114], and the MVEE (Military Vehicle Engineering & Establishment) 

random course [131, 132], in Table 2.1 and Fig. 2.7, respectively. The comparisons 

suggest lower roughness of the forestry terrain compared to the profiles considered, 

particularly corresponding to the lower wave numbers. This may also be attributed to 

relatively soft forestry terrain since the measurements were performed during late fall 

season. The waviness of the forestry terrain, however, is quite comparable to those of the 

plowed field and the pasture. 

 
Figure 2.7: Comparisons of roughness profiles of some of the off-road terrains with that 

estimated for the forestry terrain. 

 

Table 2.1: Comparisons of roughness model coefficients (αr, β) with those reported for 

some of the off-road terrains [114,131,132]. 

Terrain αr β 

Plowed 6.50×10
-4 1.60 

Pasture 3.00×10
-4 1.60 

MVEE 3.16×10
-4 2.27 

Present Study 1.00×10
-4 1.76 
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2.9 Results and Discussions 

The measured vibration responses of both the suspended and unsuspended vehicles were 

compared to assess effectiveness of the proposed torsio-elastic suspension in reducing 

transmission of terrain-induced vibration to the cabin and the human driver’s location. 

The responses were evaluated in terms of power spectral densities of accelerations, 

overall rms accelerations along all the axes, as well as 8-hour energy frequency-weighted 

acceleration [3, 202]. Fig. 2.8 compares PSD of accelerations measured at the cabin floor 

of both the suspended and unsuspended loaded vehicles along the fore-aft, lateral, 

vertical, pitch and roll axes. The results suggest that the predominant fore-aft and lateral 

vibration occur at frequencies near or slightly below 1 Hz, which are attributable to the 

pitch and roll modes resonances, respectively. For both the vehicles, the roll, pitch, and 

vertical acceleration peaks occur near the respective resonance frequencies of 1.0 Hz, 0.9 

Hz and 1.6-2.1 Hz range, respectively. Although the resonance frequencies of both the 

vehicles appear to be quite comparable, the suspended vehicle yields significantly lower 

magnitudes of vibration in all the axes when compared to those of the unsuspended 

vehicle.  

The potential benefits of the proposed torsio-elastic suspension were also evaluated 

from the overall unweighted and weighted acceleration responses, computed in the 0.5-20 

Hz frequency range, and the 8-hour energy frequency-weighted acceleration. The 

frequency-weighted rms accelerations along the x-, y- and z-axis at the driver’s location 

were evaluated through applications of the appropriate weighting functions defined in 

ISO-2631-1 [3]. The total WBV exposure was also evaluated in terms of vector 

summation of the weighted accelerations along the three translational axes, such that: 
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 22222

wzwyywxxv aakaka                                                       (2.18) 

where awx and awy are Wd-weighted rms fore-aft and lateral accelerations, respectively, 

and awz is the Wk-weighted rms vertical acceleration. The constants kx and ky are 

additional weightings used to account for human sensitivity to horizontal vibration, as 

recommended in ISO-2631-1 [3]. Eight-hour energy equivalent frequency-weighted 

acceleration A(8) is also computed in accordance with the exposure assessment 

guidelines of EC [202], which is computed from: 

0

)8(
T

T
aA e

v                                                                           (2.19) 

where T0 is the reference duration of 8 hours and Te is the average daily exposure 

duration. In this study, the average daily exposure duration is taken as 4 hours on the 

basis of the information attained from the Forestry Engineering Research Institute of 

Canada [211]. 

Table 2.2 summarizes the unweighted and frequency-weighted rms accelerations 

along each axis of the suspended and unsuspended vehicles with and without the load. 

The Table also presents the total exposure av and A(8) values. The results show that the 

torsio-elastic suspension could significantly decrease the vibration exposure levels in all 

the directions. The suspended vehicle yields 35%, 43% and 57% lower frequency-

weighted rms accelerations in x-, y- and z-axis, respectively, compared to the 

unsuspended vehicle, when loaded. The suspended vehicle, however, exhibits relatively 

higher unweighted pitch and roll vibration, when unloaded, while the unweighted rms 

accelerations along the x, y, and z directions are 44%, 27% and 45% lower,  respectively, 

compared to those of the unsuspended vehicle. The higher pitch response of the 



60 

 

suspended vehicle is attributed to the pitch dynamic response of the vehicle with a 

relatively soft suspension at its rear axle. This phenomenon has been illustrated by Cao et 

al. [212]. The results further show that the weighted magnitudes of horizontal vibration 

transmitted to the operator location are either comparable to or exceed vertical vibration 

magnitude. The results also suggest that both the av and A(8) values for the suspended 

vehicle are 41% and 37% lower than those of the unsuspended vehicle under the loaded 

and no-loaded conditions, respectively. The results thus suggest that the proposed torsio-

elastic suspension could offer considerable benefits in reducing the WBV exposure of the 

vehicle operators.  

Table 2.2: Comparisons of unweighted and frequency-weighted rms accelerations along 

individual axes, the overall rms acceleration and 8-hour energy equivalent values of the 

suspended and unsuspended vehicles with/without load at the driver location.  

Axis Unweighted rms acceleration, m/s
2 

Frequency-weighted rms acceleration, m/s
2
 

 Loaded Unloaded Loaded Unloaded 

 Unsusp. Susp. Unsusp. Susp. Unsusp. Susp. Unsusp. Susp. 

x 1.39 0.85 1.59 0.89 1.16 0.75 1.43 0.78 

y 2.12 1.26 1.79 1.30 1.67 0.95 1.52 1.07 

z 2.34 1.00 1.83 1.00 1.41 0.60 1.12 0.62 

θ 1.01 0.74 0.70 0.82 0.72 0.52 0.46 0.43 

 2.01 0.79 1.10 0.87 1.53 0.56 0.75 0.44 

av     3.03 1.80 3.13 1.96 

A(8)     2.14 1.27 2.21 1.40 

 

2.9.1 Vehicle model validation 

Validity of the 13-DOF ride dynamic model was examined using the field-measured data 

corresponding to the unloaded case, which could serve as a design tool for deriving an 

optimal suspension design. The ride dynamic responses of the vehicle model were obtained 

under terrain excitation defined in Eqs. (2.9) and (2.17), assuming a constant vehicle speed 

of 5 km/h, which is identical to that used for the field measurements. The simulation 

parameters of the vehicle model are summarized in Table 2.3, which were obtained partly 

from the data sheets provided by the manufacturers, and partly estimated from the 



61 

 

measured natural frequencies of the vehicle [213].  

The results obtained from the eigenvalue problem for the vehicle model revealed 

vertical, pitch and roll mode resonance frequencies of the sprung mass near 2 Hz, 1.1 Hz 

and 0.9 Hz, which are quite close to the frequencies corresponding to the peaks in the 

measured acceleration spectra (Fig. 2.8), while the resonant frequencies of the unsprung 

mass and the suspension linkage mechanisms were significantly higher. The ride vibration 

responses of the vehicle model near the operator seat were subsequently obtained in terms 

of acceleration PSD and the rms values. 

Table 2.3: Simulation parameters  

Parameter Value Parameter Value 

ms 8016 kg kz 185 kN/m 

m3 42.6 kg ky 185 kN/m 

m4 42.6 kg kt 125kNm/rad 

mur 1500 kg cz 4000 Nm.s/rad 

I'XXS 10495 kgm
2
 cy 4000 Ns/m 

I'YYS 16353 kgm
2
 ct 3500 Ns/m 

I3 3500 kgm
2
 KTi, i=1,…,4 340 kN/m 

I4 3500 kgm
2
 CTi, i=1,…,4 1935 Ns/m 

WB 3.13 m KTYi, i=1,2 256.2 kN/m 

WB1 1.23 m KTYi, i=3,4 316.2 kN/m 

WB2 1.9 m CTYi, i=1,…,4 1800 Ns/m 

T 1.25m h+h1 0.8 m 

R 0.8 m ly 0.0 m 

lx 0.291 m L0 0.16 m 

 

The response acceleration spectra obtained along the vertical, pitch and roll axes are 

compared with those of the measured data in Fig. 2.9. The comparisons along the fore-aft 

and lateral axes, however, were not attempted due to simplifying assumption of constant 

forward speed, negligible articulation forces and lack of consideration of the tire-terrain 

interactions in the fore-aft direction. It should be noted that the spectra of the measured 

accelerations are quite smooth in relation with those derived from the model responses, as 

seen in Fig. 2.9. This is attributed to the number of averages performed and signal overlap 
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used during processing of the measured data. While the results suggest comparable trends 

between the model responses and the measured spectra, considerable deviations are also 

evident. 

 
Figure 2.8: Comparisons of measured acceleration PSD responses at the cab floor of the 

suspended and unsuspended vehicles: (a) fore-aft; (b) lateral; (c) vertical; (d) pitch; and 

(e) roll. 

 

The model responses exhibit significant troughs near 2 Hz and at higher frequencies, 

which are attributed to the wheelbase filtering effect [212,214,215]. The deviation in the 

responses are also attributable to various simplifying modeling assumptions, particularly 

the consideration of negligible contributions due to articulation forces and moments, 

absence of wheel hop, and linear tire and suspension properties. Despite the observed 

0.001

0.01

0.1

1

10

0.2 2.0 20.0

A
c

c
e

le
ra

ti
o

n
 P

S
D

 (
m

/s
²)

²/
H

z Unsuspended

Suspended

0.001

0.01

0.1

1

10

0.2 2.0 20.0

A
c

c
e

le
ra

ti
o

n
 P

S
D

 (
m

/s
²)

²/
H

z

Frequency Hz

(b)

0.001

0.01

0.1

1

10

0.2 2.0 20.0

A
c

c
e

le
ra

ti
o

n
 P

S
D

 (
m

/s
²)

²/
H

z

Frequency Hz

(c)

0.001

0.01

0.1

1

10

0.2 2.0 20.0

A
c

c
e

le
ra

ti
o

n
 P

S
D

 (
ra

d
/s

²)
²/

H
z

(d)

0.001

0.01

0.1

1

10

0.2 2.0 20.0

A
c

c
e

le
ra

ti
o

n
 P

S
D

 (
ra

d
/s

²)
²/

H
z

Frequency (Hz)

(e)



63 

 

deviations, the results in general suggest reasonably good validity of the model for 

predicting vertical, roll and pitch ride responses of the sprung mass. The model may thus 

be considered applicable for identifying desirable suspension design parameters for 

enhanced attenuation of the terrain-induced whole-body vibration.   

 
Figure 2.9: Comparisons of acceleration PSD responses of the suspended vehicle model 

with those of the measured data: (a) vertical; (b) pitch; and (c) roll. 

 

The ride dynamic responses of the model were further evaluated in terms of 

unweighted and frequency-weighted vertical, roll and pitch rms accelerations. The 

computed values of the rms accelerations are compared with those derived from the 

measured data of the suspended vehicle corresponding to the unloaded condition in Table 

2.4. The results presented in Table 2.4 suggest good correlations between the frequency-

weighted acceleration values of the model and the measured data in the pitch and roll 

axes. Considerable discrepancy, however, is observed in the vertical acceleration values. 

Higher vertical acceleration response of the model at frequencies above 3 Hz (Fig. 2.9), 
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where the magnitude of Wk-weighting is relatively larger, contributed to higher 

frequency-weighted rms value. This is evident from relatively smaller difference in the 

unweighted vertical acceleration values. The results also illustrate considerably higher 

values of the unweighted roll and pitch accelerations compared to the weighted values. 

This is mostly attributed to the properties of the We-weighting. Considering the promising 

potentials of the suspension concept, further efforts would be desirable to formulate a 

more reliable model so as to derive an optimal suspension design for different classes of 

off-road vehicles. 

Table 2.4: Comparisons of weighted and unweighted rms accelerations of the suspended 

vehicle model with the corresponding measured values. 

Axis 
Unweighted rms accelerations Frequency-weighted rms accelerations 

Model  Measured  %Deviation  Model  Measured  %Deviation  

z 1.28 1.00 28.0 0.98 0.62 58.0 

θ 0.77 0.82 -6.1 0.41 0.43 -3.2 

 1.01 0.87 14.5 0.49 0.44 10.6 

 

2.9.2 Sensitivity analysis and optimization of the torsio-elastic suspension design 

Ride performance potentials of the proposed toriso-elastic suspension would be 

dependent on a number of vehicle design and operating parameters. The stiffness 

properties and geometry of the torsio-elastic suspension would also affect the load 

carrying capacity of the suspension. The potential performance benefits of the torsio-

elastic suspension are thus further explored through a sensitivity analysis of the ride 

responses to variations in suspension parameters, namely the linkage length L0, and 

stiffness (ky, kz, kt) and damping (cy, cz, ct) properties of the torsio-elastic suspension, 

while assuming constant forward speed of 5 km/h and unloaded condition. The results 

attained are used to formulate an optimization problem in an attempt to seek an optimal 
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design of the proposed torsio-elastic suspension. Each parameter was varied by ±50% 

about the nominal value, and the responses were obtained in terms of unweighted and 

frequency-weighted vertical, pitch and roll rms accelerations. The results revealed nearly 

negligible effect of the linkage length on the acceleration responses. The influences of 

variations in stiffness and damping parameters alone on the rms values are thus presented 

in Table 2.5. 

Table 2.5: Influences of variations in torsio-elastic suspension stiffness and damping 

properties on the weighted and unweighted rms acceleration responses of the model. 

Parameters 
Unweighted rms acceleration Weighted rms acceleration 

z θ  z θ  

Nominal value 1.28 0.77 1.71 0.98 0.41 0.49 

kz 
-50% 1.21 0.67 1.72 0.95 0.34 0.49 

+50% 1.40 0.88 1.70 1.05 0.48 0.49 

ky 
-50% 1.28 0.77 1.69 0.98 0.41 0.48 

+50% 1.28 0.77 1.73 0.98 0.41 0.49 

kt 
-50% 1.28 0.77 1.76 0.98 0.41 0.50 

+50% 1.28 0.77 1.65 0.98 0.41 0.46 

cz 
-50% 1.36 0.89 1.71 0.99 0.52 0.49 

+50% 1.26 0.72 1.71 0.98 0.37 0.49 

cy 
-50% 1.28 0.77 1.73 0.98 0.41 0.50 

+50% 1.28 0.77 1.70 0.98 0.41 0.48 

ct 
-50% 1.28 0.77 1.74 0.98 0.41 0.50 

+50% 1.28 0.77 1.68 0.98 0.41 0.48 

 

The results show that both the frequency-weighted and unweighted vertical and pitch 

rms accelerations are strongly affected by the suspension vertical stiffness. An increase in 

the pitch and vertical mode resonance frequencies caused by higher vertical stiffness as 

well as coupling between vertical and pitch modes resulted in higher frequency-weighted 

and unweighted vertical and pitch accelerations. Variations in the vertical stiffness, 

however, do not influence the We-weighted and unweighted roll accelerations, suggesting 

that vertical and roll modes of the vehicle are mostly decoupled. While the lateral 
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stiffness variations yield only slight effect on the We-weighted roll acceleration, a lower 

value of torsional stiffness yields higher values of unweighted and We-weighted roll 

acceleration magnitudes. This influence is greater for the unweighted roll response and is 

most likely caused by the properties of the We-weighting. The roll response is mostly 

affected by the torsional stiffness coefficient, while the effect of lateral stiffness is very 

small. While light damping of the torsio-elastic members may not yield important 

influences on the ride vibration responses, both the weighted and unweighted vertical and 

pitch accelerations tend to increase with lower vertical damping of the torsio-elastic 

member. A decrease in cy and ct results in slightly higher roll rms acceleration values. The 

results suggest that a suspension design with lower vertical and lateral stiffness, and 

higher torsional stiffness would yield lower overall weighted and unweighted rms 

acceleration magnitudes. Higher values of vertical damping coefficients would also be 

desirable, while the effects of cy and ct are relatively small.  

2.9.3 Optimization variables and objective functions 

A design optimization is undertaken to seek optimal torsio-elastic suspension parameters 

using the Pareto technique based on the Genetic Algorithm (GA) [216]. The Wk-weighted 

and unweighted rms vertical accelerations, (awz, az), We-weighted and unweighted rms 

pitch and roll accelerations, (awθ, aθ) and (aw, a), are selected as the objective functions 

to be minimized. The results attained from the sensitivity analysis revealed that the rms 

acceleration responses are mostly influenced by the vertical, lateral and torsional 

stiffness, and the vertical damping coefficients. Two objective functions are thus 

formulated to seek minimal weighted and unweighted rms accelerations, respectively, 

with parameter design vector X= { ky, kz, kt, cz }, such that: 
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where Fw(X) and F(X) are the weighted and unweighted rms acceleration functions, and K1, 

K2 and K3 are the weighting factors such that 1
3

1


i

iK . The minimization function Fw(X) 

also accounts for the human sensitivity to vibration as reflected by the weighting functions. 

The solutions of the above minimization functions for vehicle suspensions generally 

converge towards lower stiffness values, which may tend to result in reduced load carrying 

capacity and roll stability limits, and greater relative deflections of the sprung mass with 

respect to the unsprung masses. Although the kinematic effect of the proposed suspension 

is expected to inhibit the relative deflection, limit constraints are introduced in order to seek 

solutions within practical ranges, such that:  

30≤ ky ≤300 kN/m; 70≤ kz ≤300 kN/m; 50≤ kt ≤250 kNm/rad; and 3≤ cz ≤ 9 kN.s/m.  

The solutions of the minimization problems were obtained in terms of sets of Pareto 

optimal solutions. As an example, Fig. 2.10 illustrates the various Pareto optimal 

solutions in terms of the weighted acceleration values. The optimal solutions in weighted 

vertical, roll, and pitch accelerations suggest a positive correlation between awθ and awz 

attributed to greater coupling between the vertical and pitch modes. Fig. 2.10(a), 

however, suggests a weaker coupling between roll and vertical accelerations, while the 

coupling between roll and pitch responses is negligible, as seen in Fig. 2.10(c). Similar 

trends in optimal Pareto solutions were also observed for the unweighted rms 

accelerations. These solutions were subsequently explored to identify a design 

compromise that would yield minimal values of the multi-objective functions, defined in 

Eq. (2.20), using different combinations of the weighing factors. The results revealed 
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nearly negligible effect of the roll acceleration weighting (K3), as expected due to its 

relatively lower coupling with the vertical and pitch responses. The optimal solution and 

the corresponding design parameters were thus identified by placing greater weighting 

for awz (K1=0.5 to 0.7) and awθ (K2=0.2 to 0.4). The combination (K1=0.6, K2=0.3, 

K3=0.1) resulted in minimal values of the vertical, pitch and roll acceleration responses, 

which resulted in the follows optimal design vectors: 

X= { ky, kz, kt, cz }={ 91.8, 71.3, 204.8, 8.3 }; for the weighted function.  

X= { ky, kz, kt, cz }={ 36.4, 73.3, 187.5, 6.3 }; for the unweighted function. 

 
Figure 2.10: Pareto optimal solutions for weighted accelerations responses: (a) roll vs 

vertical acceleration; (b) pitch vs vertical acceleration; (c) pitch vs roll acceleration. 

 
The above results show comparable values of the suspension parameters for both the 

minimization functions, except for the values of ky. The minimization of weighted 
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function converged towards a considerable greater value of ky compared to that for the 

unweighted function. The minimization of the weighted values in roll tends to converge 

towards a higher value of ky in order to achieve roll mode frequency well above the 

dominant frequency range of the We-filter (1-2 Hz). The resulting optimal solutions in 

terms of both the weighted and unweighted rms accelerations and the design parameters 

are summarized in Table 2.6.  

Table 2.6: Optimal values of the acceleration responses. 

Axis Unweighted rms acceleration (m/s
2
) Weighted rms acceleration (m/s

2
) 

Nominal  optimal % change Nominal  optimal % change 

z 1.28 1.21   -5.46 0.98 0.93 -5.10 

θ 0.77 0.62 -19.48 0.41 0.32 -21.95 

 1.71 1.65  -3.51 0.49 0.46 -6.12 

 

The results in Table 2.6 show that the optimal suspension design yields considerably 

lower values of awθ and aθ compared to those of the model with nominal parameters, while 

the reductions in vertical (awz, az) and roll (aw, a) acceleration values are relatively small, 

ranging from roughly 3.5 to 6%. The relative deflection responses of the sprung mass with 

respect to the rear axle were further evaluated to study the effects of optimal parameters on 

the vertical and roll deflections. The results revealed relatively higher relative deflections 

of the optimal suspension compared to the nominal suspension parameters, although the 

increases were considered could be small. The rms vertical relative deflection of the model 

with optimal suspension was 4.8 cm compared to 4.0 cm for the nominal suspension model. 

2.10 Conclusions  

The ride performance potentials of a novel torsio-elastic suspension were investigated for a 

forestry vehicle through field assessments and simulations of a ride dynamic model. The 

results attained from the field measurements revealed significant benefits of the rear axle 
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torsio-elastic suspension in reducing the operator vibration exposure. In the loaded case, 

the suspended vehicle resulted in 35%, 43% and 57% reductions in the frequency-weighted 

rms accelerations along the x-, y- and z-axis, respectively, compared to the unsuspended 

vehicle. The suspended vehicle, however, revealed slightly higher unweighted pitch and 

roll rms accelerations, when unloaded, while the unweighted rms accelerations along the x-, 

y- and z-axis were 44%, 27% and 45% lower, respectively, compared to those of the 

unsuspended vehicle. The results further showed that the magnitudes of horizontal 

vibration transmitted to the operator’s station were either comparable to or exceeded the 

vertical vibration magnitude. While the ride model responses agreed reasonably well with 

the measured responses in vertical, roll and pitch axes, the model could not be applied to 

predict fore-aft and lateral ride responses due to various simplifying assumptions, namely 

constant forward speed, negligible contributions due to articulation forces and moments, 

and lack of tire-terrain interaction in the shear axes.  

The results obtained from sensitivity suggested that a suspension design with lower 

vertical and lateral stiffness but higher torsional stiffness would yield lower overall 

unweighted and weighted rms acceleration magnitudes. The results also suggested strong 

coupling between vertical and pitch mode responses, but negligible coupling between the 

pitch and roll modes of the vehicle. The optimal suspension parameters identified from 

solutions of a multi-objective minimization problem resulted in further considerable 

reductions in the pitch rms accelerations in the order of 20%, with only 3.5 to 6% 

reductions in vertical and roll accelerations. Considering the notable performance benefits 

of the proposed suspension, it would be desirable to develop more reliable ride and 

handling dynamic models of the vehicle, which could serve as a vital tool for suspension 
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design and assessments of the ride vibration and handling/roll dynamics of a broader class 

of off-road vehicles.  
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APPENDIX 2-A: TIRE AND SUSPENSION FORCES AND MOMENTS 

The vertical (FTi) and lateral (FTYi) tire forces developed at the tire-road interface (FTi and 

FTYi) are derived from the following, where i=1, 2 denote the front axle tires, and i=3, 4 

refer to the rear axle tires. 
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where KTi and KTYi are the linear vertical and lateral stiffness and CTi and CTYi are the 

linear vertical and lateral damping coefficients of tire i, respectively. 

The vertical forces developed by the torsio elastic suspension acting on the sprung 

mass (Fz3 and Fz4) and on the unsprung mass (Fz3u and Fz4u) are given by: 
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where kz and cz are the vertical stiffness and damping coefficients of the torsio-elastic 

suspension. The lateral forces developed by the torsio-elastic suspension acting on the 

sprung mass (Fy3 and Fy4) and the unsprung mass (Fy3u and Fy4u) are given by: 
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where ky and cy are the lateral stiffness and damping coefficients of the torsio-elastic 
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suspension. The roll moments developed by the torsio-elastic suspension acting on the 

sprung mass (Mθ3s and Mθ4s) and the unsprung mass (Mθ3u and Mθ4u) are defined from: 
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where kt and ct are the torsional stiffness and damping coefficients of the torsio-elastic 

suspension, respectively.  

 

 

 

 

 

 

 

 

 

 

 

 

 

 



74 

 

CHAPTER 3 

 MODELING AND VALIDATION OF OFF-ROAD VEHICLE 

RIDE DYNAMICS 

 

3.1 Introduction  

Ride dynamics of ground vehicles has been extensively explored in the last few decades, 

where the fundamentals of vehicle ride vibrations along with various types of suspension 

systems have been well developed [152,217-219]. In parallel, the understanding of 

human body vibrations and human perception of vehicle vibrations has also been 

considerably improved, contributing the further enhancement in vehicle ride vibration 

isolations and driver/passengers comfort and health [3,220,221]. However, the 

documented literature suggested a large majority of these efforts made on the road 

vehicle ride dynamics and suspension systems, while only small efforts have been 

devoted to those of the off-road vehicles. This may be attributed mainly to two factors: 

(a) It has generally been accepted that the knowledge and suspension systems developed 

for road vehicles can be adapted to off-road vehicles with moderate modifications; and 

(b) the significant difficulty in characterizing/modeling tire-terrain interactions (for either 

deformable or undeformable terrains). 

Unlike road vehicles, off-road vehicles are known to transmit higher magnitudes of 

low frequency whole-body vibration (WBV) along the translational as well as rotational 

axes to the drivers, which can be attributed to vehicle interactions with uneven off-road 

terrains, and lack of adequate primary and/or secondary suspensions. A number of 

epidemiological studies have shown that prolonged occupational exposure to such WBV 

is directly associated with various health and safety risks among the vehicle drivers [5,6]. 



75 

 

It has been reported in different field-based studies, e.g. [1,2], that WBV exposure of 

many off-road vehicles may exceed the health-caution guidance zone and the exposure 

limit defined in ISO-2631-1 [3] and EN14253 [4], respectively.  

The field-based studies together with the guidelines are vital for estimating risk of 

musculoskeletal disorders among the occupational drivers but provide only limited data 

for designs of preventive measures involving primary and secondary suspension, tires and 

operating conditions. It has been shown that the WBV environment of off-road vehicles 

strongly depends upon a number of design and operating factors such as vehicle weight 

and dimensions, vehicle load, task, primary and secondary suspension systems, terrain 

roughness and driving speed [11,152,222]. Tiemessen et al. [11] evaluated the 

effectiveness of evidence-based preventive strategies to reduce WBV exposure using 37 

different field and laboratory studies, and concluded that the dynamic characteristics of 

the vehicle need to be considered for design of effective strategies, apart from the driver 

skill and behavior. Rehn et al. [222] studied the variations in WBV exposure of 11 drivers 

of 7 forwarders operating on 10 different terrains in terms of vibration dose value (VDV), 

and showed that VDV was strongly dependent upon forwarder model, terrain type, 

operating load and the driver.  

The most popular preventive measure of WBV exposure reduction has been the 

suspension at the seat, which limits only vertical vibration [8-10]. A suspension seat, 

however, yields limited isolation of high intensity vertical vibration encountered in many 

off-road vehicles, which may in-part be attributed to lack of suspension tuning with 

regard to the intensity and frequency contents of the target vehicle vibration [10]. A 

number of studies have also explored different cab suspension designs [13,14]. These 
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suspensions, however, are not effective in limiting the transmission of fore-aft and lateral 

vibration, whose magnitudes are known to be either comparable to or exceed that of the 

vertical vibration [1,15]. In addition, performance of secondary suspensions, generally 

derived from subsystem models of the seat and cab suspensions [9,10,13-15], may be also 

limited due to lack of consideration of dynamics of the target vehicle [11]. Although axle 

suspensions offer greater potential to reduce translational as well as rotational vibrations, 

relatively fewer studies have attempted design and performance analyses of such 

suspensions, where the enhancements in ride have been clearly demonstrated [17-

19,21,22,97]. This may in-part be attributed to design challenges associated with 

conflicting requirements posed by the ride and roll stability measures, and wide 

variations in the axle loads. Anti-roll suspension concepts with a ride-height leveling 

function, such as interconnected hydro-pneumatic suspensions [23,39,152], would offer a 

very promising alternative solution for off-road vehicle applications. 

Similar to those in analyses of the road vehicle ride dynamics and suspension designs, 

the reported off-road vehicle ride dynamics models used for suspension designs, 

generally, employ either linear or nonlinear point-contact tire models that are known to be 

computationally efficient. Such tire models, however, cannot capture the tire-terrain 

interaction properties in the shear axes and thus the fore-aft and lateral ride vibration 

responses [22]. Furthermore, the point-contact tire models tend to overestimate contact 

pressure and wheel hop [223]. The study [22] demonstrated that using one-dimensional 

point-contact tire model would also overestimate the vertical acceleration responses. In 

addition, coupling of the pitch and roll modes with longitudinal and lateral dynamics, 

respectively, cannot be reasonably represented. Considering that off-road vehicles exhibit 
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substantial lateral and longitudinal vibrations attributed to coupled vehicle vibration 

modes and horizontal tire-road interactions, it is essential to develop and integrate more 

efficient tire models capable of predicting multi-axis tire forces. 

Although comprehensive finite element tire models have been widely reported for 

characterizing multi-axis tire-terrain interactions [122], such models could find only 

limited applications in ride dynamic analysis of vehicles due to associated complexities 

and high computational demands. Crolla et al. [224] proposed a three-dimensional point-

contact tire model to account for horizontal and vertical tire forces in an off-road tractor 

model in a highly efficient manner. The model, however, does not account for the finite 

tire foot print and the contributions due to local gradient of the terrain, and the wheel-

hop. Tire models with radial visco-elastic elements and adaptive contact patch have also 

been employed to determine the tire-terrain forces along the vertical and longitudinal axis 

[116,225]. 

In this chapter (paper), a comprehensive off-road ride dynamics model is derived with 

integrating a three-dimensional tire model, which can be conveniently used for evaluating 

suspension design concepts. The three-dimensional tire-terrain interaction model is 

formulated based on the adaptive radial representation of the tires in the pitch plane 

together with a lateral dynamic model based on the side-slip theory and the tire-lag. The 

ride dynamic responses of the model are evaluated under excitations representing an 

equivalent undeformable forestry terrain, and compared with the field measured data to 

demonstrate the model validity. The ride responses are obtained for the vehicle model 

with and without a rear-axle suspension to further illustrate the ride performance 

potentials of the torsio-elastic suspension.  
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3.2 Modeling of Tire-Terrain Interactions  

The tire-terrain interactions along the three translational axes are characterized through 

formulation of a three-dimensional tire model considering undeformable terrain. The 

proposed model integrates an adaptive footprint tire model for describing the vertical and 

longitudinal forces developed by the tire, and a visco-elastic lateral model based on the 

side-slip theory.  

3.2.1 Adaptive footprint tire model in the pitch-plane 

Figure 3.1 illustrates an adaptive footprint model based on the concept of continuous 

radial spring representation of the tire [226], which permits computation of the net 

contact patch, P1P2, in the pitch plane and the resulting tire forces along the vertical and 

longitudinal axis. The resultant force developed at the tire-terrain interface is evaluated 

by considering the tire as a continuous ring of radial springs uniformly distributed over 

contact patch, P1P2, which varies with the local terrain profile. The dissipative property 

of the tire is represented by a lumped viscous damper, as shown in the Figure. Assuming 

that the tire-terrain contact (P1P2) represents the idealized deflection of the tire, the 

resultant force Fwn, assumed to act normal to the footprint, is obtained through integration 

of the normal components of the elemental radial forces over the footprint [225], such 

that: 

2 [sin cos ]wn w w w w dwF KR F                 (3.1) 

where K is the linear stiffness constant of the radial element, Rw is undeformed tire radius 

and where αw is one-half of the wheel-terrain contact patch angle, as shown in Fig. 3.2(a). 

         is the tire damping force, where C is the viscous damping coefficient and     

is the relative velocity across the damping element which relates to the vertical motion of 
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the wheel centre, the terrain elevation at the center of the contact patch, and the gradient 

of the terrain profile, such that: 

                                (3.2)
 

where      is the vertical velocity of the wheel center,          , is the terrain imposed 

vertical velocity at the mid-point of the idealized tire-terrain contact patch P1P2, γ is the 

gradient of the instantaneous contact patch, and U is the constant forward speed. 
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Figure 3.1: Adaptive foot-print radial tire model. 
 

The radial spring constant of the tire is estimated from Eq. (3.1) and the static tire 

deflection δst subject to a static load, W, on a flat surface, as shown in Fig. 3.1(b), such 

that: 

2 [sin cos ]w w ws w

W
K

R   



                                                                                         (3.3) 

The determination of the resultant tire force from Eq. (3.1) necessitates the instantaneous 

contact patch angle 2αw and thus the instantaneous patch length P1P2. The coordinates of 

P1 and P2 are derived from the circle-line interaction representation [226], shown in Fig. 

3.2 (b). The algorithm initially identifies all the terrain elevation points Ps that lie within 



80 

 

the projection of the wheel on the terrain surface, Xwc-Rw ≤ XPs ≤ Xwc+Rw, where XPs are 

the x-coordinates of the identified terrain points, and Xwc is x-coordinate of the wheel 

center. The elevation points within the wheel geometry are subsequently identified using 

the criteria:          
           

    
  where Zwc and ZPs are the vertical 

coordinates of the wheel center and terrain contact point, respectively. The coordinates of 

the two extreme elevation points, PL and PR, within the wheel geometry together with 

those of the preceding (PL-1) and following (PR+1) points are used to define the equations 

of the lines intersecting the tire ring at P1 and P2, respectively, as shown in Fig. 3.2(b). 

The coordinates of the intersection points, (X1, Z1) and (X2, Z2), are finally determined 

from the equations of the two lines and that of the tire ring, given by: 

22 2( ) ( )wc wc wX X Z Z R     

The instantaneous contact patch angle αw can be derived from the angular coordinates θ1 

and θ2 of the intersection points P1 and P2, respectively, as seen in Fig. 3.2(a), such that 

2αw= θ2 - θ1. Using the circle-line interaction method, these can be expressed as: 
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Figure 3.2: (a) Wheel-terrain contact patch; and (b) Circle-line interaction representation. 
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        (3.4) 

Furthermore, the gradient of the instantaneous contact patch can be computed from: 

            . The vertical and longitudinal forces developed by the tire can be 

derived from Eq. (3.1) using the instantaneous contact patch angle and gradient of the 

idealized contact patch, such that: 

cos ; sinTz wn Tx wnF F F F             (3.5) 

where FTx and FTz are the resultant longitudinal and vertical tire forces, respectively. 

3.2.2 Lateral tire force 

A lateral tire force model [224] based on the side-slip theory could be applied to account 

for contributions of the lateral tire-terrain interaction to the ride dynamics of off-road 

vehicles. The lateral tire force model may be integrated with the adaptive footprint tire 

model in order to describe the tire-terrain interactions along the three translational axes. 

Furthermore, the large and soft tires, popularly employed in off-road vehicles, exhibit 

considerable hysteresis and appreciable time lag associated with buildup of lateral force. 

It has been further shown that the lateral force developed by a tire can be derived 

considering first-order tire dynamics, where the time constant directly relates to the 

relaxation length σ and the forward speed U [118]. Assuming small slip angle and a 

constant vertical load, the tire lateral force can be related to the side-slip angle α and tire 

cornering stiffness Cα in the following manner: 

                                  (3.6) 

where the time constant      , Fy(t) is the lateral force developed by the tire and Cα 

α(t) is the steady-state lateral force developed by the tire. The reported lateral tire force 
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model is integrated with the pitch-plane adaptive foot-print model, as shown in Fig. 3.3, 

to derive the tire forces along the three translational axes. In the absence of the external 

input (uy=0), the tire lateral force can be related to the stiffness and damping coefficients 

in the following manner: 

Forward speed

Y

θ

uy

KTy

CTy

w
R

X

 
Figure 3.3 Tire lateral ride dynamic model consisting of linear spring and damper in 

series. 

 
   

   
                                  (3.7) 

where CTy and KTy are damping and stiffness coefficients of the model, which are related 

to cornering stiffness and relaxation length of the tire, such that:          and 

        , and             is the lateral velocity developed at the tire-terrain 

contact. 

3.3 Ride Dynamics Modeling of Off-Road Vehicles  

3.3.1 Unsuspended off-road vehicles 

Assuming negligible contributions of the articulation mechanism to the vehicle 

responses, a 5 degree-of-freedom (DOF) ride dynamic model of an un-suspended off-

road skidder is developed, which is an extension of the pitch-plane model presented in 

[22]. Figures 3.4(a) and 3.4(b) illustrate the model in the pitch and roll-planes, 
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respectively. The forward speed is assumed to be constant, the axles are considered to be 

rigidly attached to the vehicle frame, and axles, frame and the cabin are considered as a 

rigid mass supported on four tires. The tire forces are derived using the adaptive foot-

print and lateral force tire model described above. The equations of motion for the vehicle 

model are derived considering differential terrain excitations at the two tire tracks:  
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Figure 3.4: Pitch- and roll-plane representations of an unsuspended skidder: (a) Pitch-

plane; and (b) Roll-plane, (front view) 
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where zs, xs, ys, θs, and s are the vertical, longitudinal, lateral, pitch and roll deflections, 

respectively, of the sprung mass ms about its static equilibrium. IXXS and IYYS are roll and 

pitch mass moments of inertia of the sprung mass, respectively. The vertical (FTzi), lateral 

(FTyi) and longitudinal (FTxi) tire forces developed by tire i (i=1, 2 for front axle tires and 

i=3, 4 for the rear axle tires), are derived from the tire models expressed in Eqs. (3.5) and 

(3.7). The lateral force (FTyi) where lateral velocity        of the contact point is given by 

              
  (i=1, ..,4). WB1, WB2, T, and H are the geometric parameters shown in 

Fig. 3.4. 

3.3.2 Suspended off-road vehicles with rear-axle torsio-elastic suspension  

A torsio-elastic axle suspension concept has been proposed to improve the terrain-

induced ride vibrations of a forestry skidder, while providing high effective roll stiffness 

[22]. The ride performance potential was demonstrated through field measurements and 

analysis of a vehicle model with a point-contact tire model. In this study, the conventional 

skidder retrofitted with the torsio-elastic suspension at the rear-axle is modeled 

considering multi-axis tire-terrain interactions, as shown in Figs. 3.5(a) and 3.5(b). The 

detailed linkage model is also shown in Fig. 3.5(c). The vehicle with the rear-axle 

suspension is modeled as a 14-DOF dynamic system, which includes: 5-DOF of the 

sprung mass sm  comprising chassis, cab, front axle and the mounted equipment (xs, ys, zs, 

s, θs); 3-DOF of the real axle unsprung mass (yur, zur, ur); and 3-DOF of each of the two 

suspension units (yi, zi, i; i=3, 4). The equations of motion for the sprung and rear-axle 

unsprung masses of the vehicle subject to terrain excitations at the right- and left-tracks 

are formulated as:  
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Figure 3.5: Schematic representation of the 14-DOF suspended vehicle model: (a) roll 

plane; (b) pitch plane; and (c) torsio-elastic suspension linkage mechanism. 
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In the above equations, the vertical and lateral forces, and roll moment due to rear 

axle suspension are denoted by Fzi, Fyi and Mis (i=3,4), respectively, which are derived 

from the detailed linkage model, shown in Fig. 3.5(c). These have been developed in [22] 

considering 3-DOF of each of the rear axle suspension links, including vertical (zur), 

lateral (yur) and roll (ur) of the unsprung mass, and lateral, vertical and roll (yi, zi and i; 

i=3,4) motions of the suspension linkages. The geometric parameters L0, L1, Rw, h, and h1 

are illustrated in Fig. 3.6. The vertical, longitudinal and lateral tire forces are derived 

from Eqs. (3.5) and (3.6), while the lateral velocity of the footprint of the rear axle tires, 

however, is related to the unsprung mass motion such that:              
   (i=3, 4). 

3.3.3 Estimation of the terrain roughness profiles 

The roughness of deformable off-road terrains has been expressed by a power regression 

function in spatial spectral density GZ(Ω) representing the elevation of an equivalent 

undeformable terrain. The regression function for a forestry terrain, derived from the field 

measured responses of a conventional unsuspended forestry skidder, has been expressed 
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as [22]: 

( ) ; 0 and 0Z r rG                (3.11) 

where Ω is the spatial frequency that is related to forward speed U and the temporal 

frequency f, such that f =ΩU, and constants αr and β are the roughness coefficients and 

wavinesses of the terrain, respectively. The constants αr and β which were identified from 

the measured vertical, pitch and roll ride responses of the conventional unsuspended 

vehicle through solution of an error minimization problem described in [22]. Compared 

to the other reported profiles like plowed field, pasture and the MVEE [114, 132], the 

identified roughness model showed lower roughness particularly at the lower wave 

numbers, which was in part be attributed to the soft terrain since the measurements were 

performed late in the fall season. 

The spatial power spectral density (PSD) of the terrain roughness may also be 

expressed by a rational PSD function in temporal frequency ω and operating speed U 

[133]: 

2 2 2 2 2
4 1 5 2 2 3

2 2 2 2 2 2 2 2 2 2 2
1 2 3 2 3

( )
( ) ( )[ ] ( )[ ]

( ) 4

U U U U
T

U U U U

      


       

 
 

   
   (3.12) 

where i (i=1, …, 5) are constant coefficients that were identified from the terrain profile 

spectrum over a range of  5 to 25 km/h forward speed, as: (0.19, 2.00, 0.76, 2.00×10
-1

, 

3.0×10
-3

). The comparison of the spatial PSD derived from the above function with that 

derived from Eq. (3.11) in Fig. 3.6 shows that T(ω) can accurately describe the identified 

terrain spectra.  

The above function permits the synthesis of time-history of the terrain roughness by 

applying a random white noise signal of unity power. For this purpose, the spectral 
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density function in Eq. (3.12) is expressed as: 

1

4 2 2
2 0

1 2 2 4 2 2
2 0

( ) [ ]
( )( )
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T b

a a a

 


  

 


  
           (3.13) 

where ai and bi (i=0, 1, 2) are functions of the vehicle speed and coefficients i , which 

can be applied to describe the random road irregularity z0(t) through stationary solution of 

a third-order differential equation subject to a random white-noise input of unity power 

l(t) in the following manner [133]: 

 
Figure 3.6: Comparison of the roughness profile with that estimated from model 

proposed by Hac [133].  

 

                                                         

                                             (3.14) 

The above differential equation has been derived from a frequency response function 

Q(ω) obtained from Eq. (3.13) based on the stationary random process [227] in the 

following manner:  
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      (3.15) 

where Z0(ω) and L(ω) are the corresponding finite Fourier transforms of z0(t) and l(t), 

respectively. z0(t) can be considered to represent average roughness profile of the terrain, 

assuming that the terrain tracks are statistically equivalent. In off-road operations, the two 

vehicle tracks are invariably subjected to different terrain elevations that contribute to the 

roll and lateral dynamic responses of the vehicle. The roughness profiles of the two tracks 

may be estimated by assuming a coherence function describing the linear dependence of 

two random profiles. A few studies have established coherence functions of roughness 

profiles of two tracks of the roadways. The analyses of measured road profiles by Bogsjo 

[228] showed that roughness profiles of the two tracks are highly correlated at low 

frequencies, while the coherence diminishes at higher frequencies. Yonglin and Jiafan 

[229] described the coherence by a piecewise linear function in frequency of the form: 

12

1

1 0.9( ) ;
( ) 2

0.1 ;
LR


 

  

 


 

 
 

         (3.16) 

where    
     is the coherence between the left and right tracks of a roadway and ω1 is 

the transition frequency, which was taken as 2Hz for the roadways. Considering that off-

road terrains exhibit relatively low frequency components, a lower transition frequency 

would be more reasonable, which is considered as 1Hz in this study that is identical to the 

measured predominant roll frequency of the forestry vehicle [22]. The above coherence 

function can also be expressed accurately by a second-order function of the form: 

2 4 2 2 2
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where ei and di (i=0, 1, 2)  are constant coefficients that are identified from the coherence 

function as: (4.47, 0.73, -0.06; and 4.47, 1.81, -0.20). The validity of the above function 

in describing the coherence is illustrated through comparison of the coherence values 

derived from Eqs. (3.15) and (3.17), as shown in Fig. 3.7. 

Roughness profiles of the two tracks may be synthesized by considering the above 

coherence function and two uncorrelated random white noise signals, l(t) and n(t) applied 

to the spectral density function of the road profile. Assuming that Eq. (3.14) describes the 

roughness profile of the left track z0L(t), the roughness of the right track may be derived 

by considering a filtered random process r(t), such that: 

1 2( ) ( ) ( ) ( ) ( )r t q t l t q t n t            (3.18) 

where q1(t) is the coherence function and q2(t), describes the uncorrelated component of 

r(t), which can be expressed as [227]:  

2 2
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             (3.19) 

 
Figure 3.7: Comparison of the coherence values obtained from Eq. (3.16) with that 

approximated by fractional system function. 
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As it is shown in Fig. 3.8, schematically, the functions q1(t) and q2(t) are applied to 

obtain the filtered random process r(t). The frequency response function Q(ω) described 

in Eq. (3.15) is subsequently applied to r(t) to obtain random road irregularity of the right 

track 0 ( )Rz t  through stationary solution of Eq. (3.14).  

q(t)

q1(t)

q2(t)

+ q(t)

( )l t

( )n t

( )r t

0 ( )LZ t

0 ( )RZ t

1( )r t

2( )r t
 

Figure 3.8 Flowchart of the proposed method to find the time series of two tracks 

profiles.  

 
Figure 3.9: Time histories of roughness of the (a) left track; and (b) right track 

(U=5km/h). 
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Figures 3.9(a) and 3.9(b) illustrate time histories of the roughness of the left and right 

tracks considering a forward speed of 5km/h, respectively. Figure 3.10 illustrates the 

coherence of the two random terrain profiles, which is compared with the assumed target 

coherence. The time history of roll excitation attributed to roughness of the two tracks is 

further computed considering vehicle track width of 2.5m. Figures 3.11(a) and 3.11(b) 

illustrate the time-history and PSD of the roll displacement, respectively. The results 

show that the coherence of the two tracks roughness is quite close to the assumed target 

coherence, while the peak roll displacement excitation approaches 6 degrees. 

  
Figure 3.10: Coherence of the two track profiles compared with the target coherence. 

 

 

 

Figure 3.11: Roll displacement (a) time-history; and (b) PSD spectrum.  
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3.4 Method of Analysis 

The unsuspended and suspended vehicle models together with the three-dimensional tire 

model are analyzed considering terrain excitations arising from two parallel tracks, 

shown in Fig. 3.9, at a constant forward speed. The simulations were initially performed 

at a speed of 5km/h in order examine model validity on the basis of the field-measured 

data that were acquired at the same speed. The simulation parameters of the vehicle 

models are summarized in Table 3.1 [22]. The model responses were evaluated in terms 

of PSD of translational and rotational accelerations, and frequency-weighted and un-

weighted rms accelerations at the operator seat location. The vertical, longitudinal, and 

lateral acceleration responses at the seat location were derived from the following 

relations: 

                                                       
       (3.21) 

where h' and    are the vertical and longitudinal distances of the seat, respectively, from 

the sprung mass center of gravity (cg).  

Table 3.1: Simulation parameters. 

Parameter value Parameter value 

m's    8616 kg kz 185 kN/m 

ms 9662 kg ky 185kN/m 

m3                42.6 kg kt 125kNm/rad 

m4    42.6 kg cz 4000 Nm.s/rad 

mur   1500 kg cy 4000 N.s/m 

I'XXS 10495 kg.m
2
 ct 3500 N.s/m 

I'YYS 16353 kg.m
2
 K 94.5 kN/m 

I3 3500 kg.m
2
 C 2000 N.s/m 

I4 3500 kg.m
2
 σ 0.40 m 

h'    0.43m L0 0.16 m 

WB1     1.23 m h 0.60 m 

WB2      1.90 m lx 0.29 m 

2T     2.50m δst 0.20m 

Rw      0.80 m KTy 256kN/m 

Cα 102 kN/m h1 0.21 m 
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The frequency-weighted accelerations were obtained using the weighting functions 

defined in ISO-2631-1 [3]. For this purpose, the response time-histories were analyzed to 

derive PSD and rms spectra using the modified Welch method [230] together with 

Hanning window and 50% overlap of the data segments. The total WBV exposure was 

also derived in terms of vibration total value, av:  

 2 2 2 2 2
v x wx y wy wza f a f a a  

           
(3.22) 

where fx and fy are the additional weightings factors imposed on the weighted longitudinal 

and lateral acceleration values, as described in ISO-2631-1 [3]. awx, awy and awz are 

frequency-weighted longitudinal, lateral and vertical rms accelerations at the seat, 

respectively. The eight-hour energy equivalent frequency-weighted acceleration A(8) is 

also computed for a daily exposure duration of Te= 4 hours, based on the information 

attained from the Forestry Engineering Research Institute of Canada [231], such that 

             , where T0 is the reference duration of 8 hours.  

3.5 Results Discussions and Model Validation  

The validity of the vehicle models was examined on the basis of the field measured 

responses of a conventional skidder and a skidder integrated with a torsio-elastic rear 

suspension. The measurements and analysis of the field data have been described in [22]. 

The study [22] further showed that addition of the torsio-elastic suspension to the rear 

unit resulted in substantial reductions in overall unweighted and frequency-weighted rms 

accelerations measured near the operator seat. In this study the field-measured responses 

are used to examine validity of the vehicle models with three-dimensional tire model. 

The acceleration PSD response spectra obtained along the vertical, fore-aft, lateral, 

pitch and roll axes at the operator seat location, derived assuming negligible effects of the 
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seat cushion, are compared with the measured spectra in Figs. 3.12 and 3.13 for the 

conventional and suspended vehicles models, respectively. The results show respectively 

good agreements between the models and the measured data for both the models. The 

results suggest that the proposed three-dimensional tire model provides more accurate 

predictions of ride responses along all the axes compared to the results obtained with a 

one-dimensional point-contact tire model reported in [22].  

 
Figure 3.12: Comparisons of acceleration PSD responses of the conventional vehicle 

model with those of the measured data. 

 

The results show peak responses near 1 and 2Hz, which are attributed to pitch and 
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of the sprung mass occurs at a frequency slightly above 1Hz for both the vehicle models, 

which is partly associated with its coupling with the pitch mode. The roll and lateral 

acceleration responses also show two peaks near 0.9Hz and above 2.5Hz denoting the roll 

and lateral mode resonance frequencies of the sprung mass suggesting the coupling 

between lateral and roll modes.  

 
Figure 3.13: Comparisons of acceleration PSD responses of the suspended vehicle model 

with those of the measured data. 
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models at frequencies range above 3Hz are slightly below the measured data, which may 

partially be attributed to the relatively low roll excitation due to synthesized terrain 

profiles for the two parallel tracks at higher frequencies. The longitudinal acceleration 

response magnitudes of the unsuspended vehicle model are lower than the measured 

magnitudes at frequencies below 2Hz. The longitudinal response of the suspended 

vehicle, however, is greater than the measured response at frequencies below 2Hz. 

The deviations in the response are also believed to be caused by various simplifying 

modeling assumptions, particularly the consideration of negligible contributions due to 

articulation forces and moments, constant forward speed, absence of wheel hop, and 

linear suspension properties. Despite the observed deviations, the results suggest that the 

vehicle models with the three-dimensional tire model can predict the ride dynamic 

responses along the vertical, longitudinal, lateral, roll and pitch axes, reasonably well. 

The models can thus serve as an effective tool to seek desirable suspension design 

parameters and to assess the whole-body vibration exposure of the operator.  

Table 3.2: Comparisons of frequency-weighted and unweighted rms translational (m/s
2
) 

and rotational (rad/s
2
) acceleration values of the unsuspended vehicle model with the 

corresponding measured values.  

Axis Bounce Longitudinal Lateral Pitch Roll av A(8) 

U
n

w
ei

g
h

te
d

 Model 1.97 1.39 1.53 0.67 1.00  

Measured 1.83    1.59 1.79 0.70 1.10  

Deviation (%) 7.6 -12.6 -14.6 -4.5 -9.1 
 

W
ei

g
h

te
d

  Model 1.20 1.24 1.34 0.44 0.69 2.82 2.00 

 Measured 1.12 1.43 1.52 0.46 0.75 3.13 2.22 

 Deviation (%) 7.1 -13.3 -11.8 -4.3 -8.0 -9.9 -9.9 

 

The overall frequency-weighted and unweighted rms acceleration values of the model 
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responses are further computed and compared with those derived from the measured data 

in Tables 3.2 and 3.3. The frequency weighting Wd, Wk and We are applied to derive the 

overall frequency weighted rms acceleration along the horizontal (x, y), vertical (z) and 

rotational (θ, φ) axis, as recommended in ISO-2631-1 [3]. The results suggest good 

agreements between the rms acceleration values of both the models and the measured 

data particularly for the bounce and pitch rms acceleration responses. Slightly higher 

deviations, however, are observed in the lateral and longitudinal acceleration values of 

the unsuspended vehicle model. Similar deviations are also evident in the longitudinal 

rms acceleration of the suspended vehicle model, which are partly attributed to the 

simplifying assumptions of the models, specially the lack of consideration of the 

articulation force and moments. It should be noted that the previous study [22] using a 

one-dimensional point-contact tire model demonstrated considerable overestimates in the 

bounce-mode acceleration (for suspended vehicle: 28% deviation for unweighted rms 

acceleration and 58% deviation for weighted rms acceleration.) However, the off-road 

vehicle ride dynamics model developed in this study shows a considerable improvement 

in the bounce-mode acceleration, where deviations less than 5% were observed in Table 

3.3.  

Table 3.3: Comparisons of frequency-weighted and unweighted rms translational (m/s
2
) 

and rotational (rad/s
2
) acceleration values of the suspended vehicle model with the 

corresponding measured values. 

Axis Bounce Longitudinal Lateral Pitch Roll av A(8) 

U
n

w
ei

g
h

te
d

 

Model 1.05 1.00 1.38      0.85        0.96  

Measured 1.00 0.89 1.30 0.82 0.87 
 

Deviation (%) 5.0 12.4 6.2 3.6 10.3  

W
ei

g
h

te
d

 Model 0.65 0.89 1.17  0.44 0.48 2.16 1.53 

Measured 0.62 0.78 1.07 0.43 0.44 1.95 1.38 

Deviation (%) 4.8 14.1 9.3  2.3 9.1 10.8 10.8 
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The tables also present the vibration total value, av, derived from Eq. (3.22), and A(8) 

values estimated from models responses and measured data. These illustrate deviations in 

the order of 10-11% between the model and measured responses. Comparisons of the 

results presented in Tables 3.2 and 3.3 confirm that the addition of a rear-axle torsio-

elastic suspension yields significant reduction in the WBV exposure of the operator along 

all the translational axes. Both the total value and eight-hour energy equivalent 

frequency-weighted acceleration are nearly 38% lower for the suspended vehicle 

compared to the unsuspended vehicle. The results further show that the A(8)  value of the 

unsuspended vehicle exceeds the "limiting value" of 1.15m/s
2
 defined in the EC 

guidelines [4]. While the suspended vehicle yields substantially lower A(8) value, its 

magnitude still exceeds the "action value" of 0.5m/s
2
 defined in the EC guidelines. 

3.6 Parameter Sensitivity Analysis 

Different vehicle design and operating parameters including the torsio-elastic suspension 

properties, the linkage geometry, vehicle forward speed, vehicle load, and terrain 

roughness would affect the ride performance potential of the torsio-elastic suspension. 

Among these, the suspension characteristics would also influence the load carrying 

capacity of the vehicle. The validated suspended vehicle model is used to study the 

sensitivity of ride responses to variations in the suspension parameters so as to seek 

desirable suspension design parameters. The analyses are performed for the unloaded 

vehicle operating at a constant forward speed of 5km/h. The suspension design 

parameters considered include: the stiffness (ky, kz, kt) and damping (cy, cz, ct) constants, 

and the linkage length (L0) of the rear-axle torsio-elastic suspension. The stiffness and 

damping constant was varied by ±50% about the nominal value, and the variation in the 
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link length was limited to ±25%, while the vehicle track width was held constant. The 

responses were obtained in terms of unweighted and frequency-weighted vertical, 

longitudinal, lateral, pitch and roll rms accelerations, which are summarized in Table 3.4.  

The results revealed considerable influence of the suspension vertical stiffness on 

both the frequency-weighted and unweighted vertical and pitch rms accelerations. 

Increase in the vertical stiffness causes higher pitch and vertical mode resonance 

frequencies, which resulted in higher frequency-weighted and unweighted vertical and 

pitch rms accelerations. Same effect can be observed on the longitudinal rms acceleration 

due to coupling between the longitudinal and pitch dynamics. The influence of variations 

in the vertical stiffness, however, is negligible on the roll and lateral accelerations, 

suggesting relatively weak coupling of the vertical mode with roll and lateral modes of 

the vehicle. While the lateral stiffness variations show only minimal effect on the roll 

responses, the un-weighted lateral rms acceleration is strongly affected by both the 

torsional and lateral suspension stiffness suggesting greater coupling between the roll and 

lateral responses of the vehicle. Reductions in both the lateral and torsional stiffness yield 

relatively higher magnitude of the weighted lateral acceleration, which may be partly 

attributed to reduced roll and lateral mode frequencies, below 1Hz, where the effect of 

Wd-weighting is greater. The roll response is mostly affected by the torsional stiffness, 

where a reduction in the torsional stiffness results in higher roll acceleration.  

The torsio-elastic suspension provides only light damping, which may not yield 

important influences on the ride vibration responses. However, the frequency-weighted 

and unweighted vertical, longitudinal, and pitch accelerations tend to increase with lower 

vertical damping of the torsio-elastic suspension. The roll acceleration response is only 
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slightly affected by the torsional and lateral damping coefficients. The results obtained in 

terms of vibration total value, av, suggest that a suspension design with lower vertical 

stiffness and higher lateral and torsional stiffness, and higher vertical damping would 

yield lower overall weighted rms acceleration, while the effects of lateral and torsional 

damping are relatively small.  

Table 3.4: Influence of variations in the torsio-elastic suspension stiffness and damping 

properties on the frequency-weighted and unweighted rms translational (m/s
2
) and 

rotational (rad/s
2
) acceleration responses of the model. 

Parameters 
Weighted rms acceleration  Unweighted rms acceleration 

z   x y θ  av z    x     y    θ  
Nominal 

value 
0.65 0.89 1.17 0.44 0.48 2.16 1.05 1.00   1.38 0.85 0.96 

kz 
-50% 0.61 0.85 1.17 0.40 0.48 2.11 0.90 0.90 1.38 0.73 0.97 

+50% 0.73 0.92 1.17 0.48 0.48 2.20 1.25 1.16 1.38 1.02 0.95 

ky 
-50% 0.65 0.89 1.26 0.44 0.47 2.28 1.05 1.01 1.32 0.85 0.94 

+50% 0.65 0.89 1.10 0.44 0.49 2.07 1.05 1.01 1.43 0.85 0.99 

kt 
-50% 0.65 0.89 1.21 0.44 0.51 2.23 1.05 1.01 1.34 0.85 1.09 

+50% 0.65 0.89 1.14 0.44 0.43 2.11 1.05 1.01 1.41 0.85 0.81 

cz 
-50% 0.66 0.96 1.17  0.47 0.48 2.22 1.17 1.12 1.38 0.97 0.96 

+50% 0.65 0.83 1.17  0.41 0.48 2.11 1.02 0.94 1.38 0.77 0.96 

cy 
-50% 0.65 0.89 1.18 0.44 0.49 2.17 1.05 1.01 1.43 0.85 0.98 

+50% 0.65 0.89 1.16 0.44 0.47 2.15 1.05 1.01 1.36 0.85 0.95 

ct 
-50% 0.65 0.89 1.17 0.44 0.49 2.16 1.05 1.01 1.40 0.85 1.00 

+50% 0.65 0.89 1.17 0.44 0.47 2.16 1.05 1.01 1.37 0.85 0.96 

L0 
-25% 0.65 0.89 1.18 0.44 0.49 2.17 1.05 1.00 1.38 0.84 0.96 

+25% 0.63 0.90 0.92 0.48 0.37 1.91 1.02 1.03 1.13 0.88 0.78 

 

The kinematic effect of the suspension mechanism is investigated from the responses 

sensitivity to variation in the suspension linkage length. The results (Table 3.4) suggest 

that an increase in L0 yields lower roll and lateral responses, which is partly attributed to 

lower effective-roll stiffness, while the effects on frequency-weighted and unweighted 

vertical, longitudinal, and pitch responses are relatively small. A 25% increase in L0 

results in nearly 12% reduction in the vibration total value. 

Apart from the suspension parameters, forestry skidders are invariably subject to high 

load variations during a work cycle, which could greatly affect the ride vibration 
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responses. The ride responses of loaded vehicle are thus obtained in terms of unweighted 

and frequency weighted rms acceleration responses for both the conventional and 

suspended vehicle models. The loaded condition is realized by increasing the vehicle 

sprung mass by 50% of the nominal mass presented in Table 3.1. The results are 

compared with those of the unloaded vehicle models in Table 3.5. The results show that 

the loaded unsuspended vehicle yields considerably higher acceleration responses 

compared to the unloaded vehicle along all the axes, except in the longitudinal direction. 

In particular, the weighted vertical, lateral, pitch and roll rms accelerations of the loaded 

vehicle are nearly 25%, 15%, 55% and 110% higher than those of the unloaded vehicle.  

Table 3.5: Influence of vehicle load on the frequency-weighted and unweighted rms 

translational (m/s
2
) and rotational (rad/s

2
) acceleration responses of the unsuspended and 

suspended vehicle models. 

Parameters 
Weighted rms acceleration  Unweighted rms acceleration 

z   x y θ  av z    x     y    θ  

U
n

-

su
sp

en
d

e
d

 Un-

loaded 
1.20 1.24 1.34 0.44 0.69 2.82 1.97 1.39 1  1.53 0.67   1.00 

Loaded 1.50 1.06 1.54 0.68 1.44 3.02   2.42     1.20    2.02 0.96 1.92 

S
u

sp
e
n

d
e
d

 Un-

loaded 
0.65 0.89 1.17 0.44 0.48 2.16 1.05 1.00       1.38 0.85  0.96 

Loaded 0.63 0.82  1.10 0.54 0.60 2.05   1.06 0.96 1.31    0.78    0.91 

 

The suspended vehicle, however, exhibits significantly lower sensitivity to variations 

in the load, as seen in Table 3.5. The unweighted responses of the loaded suspended 

vehicle are either comparable or slightly lower than those of the unloaded vehicle along 

all the translational and rotational axes. The weighted responses of the loaded suspended 

vehicle along the translational axes are also lower than those of the unloaded vehicle. The 

frequency-weighted roll and pitch responses of the loaded vehicle, however, are nearly 



103 

 

25% greater than those of the unloaded vehicle. This is caused by lower pitch and roll 

resonance frequencies of the loaded vehicle and contributions of the We-weighting. The 

results clearly suggest that the torsio-elastic suspension is not greatly sensitive to 

variations in the load, when WBV exposure of operator is concerned. 

3.7 Conclusions  

This study developed a comprehensive off-road vehicle ride dynamics model integrating 

a three-dimensional tire-terrain interaction model, which can be effectively and 

efficiently applied to both suspended and unsuspended vehicles. The tire-terrain 

interaction model comprised an adaptive radial representation for characterizing the 

resultant vertical and longitudinal forces within the contact patch, and a lateral dynamic 

model based on the side-slip theory together with the tire-lag. The forestry terrain was 

described by a regression roughness model of an equivalent undeformable terrain that 

was estimated from the field-measured responses of a conventional unsuspended skidder. 

The roughness profiles of the two parallel tracks of the terrain were synthesized assuming 

a coherence function between the random roughness of the two tracks. The synthesized 

roughness characteristics revealed peak roll excitation due to terrain in the order of 6 

degrees. 

The model responses were subsequently evaluated in terms of PSD of accelerations, 

and weighted and un-weighted rms accelerations along the vertical, fore-aft, lateral roll 

and pitch axes for both the unsuspended and suspended vehicle models. The validity of 

the models was demonstrated by comparing the response spectra and overall rms 

accelerations with the reported field-measured responses for the same vehicle with and 

without suspension. Both the conventional and suspended vehicle models responses 
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agreed very well with the measured responses in all the directions considered. Good 

agreement was also evident in the longitudinal and lateral axis for both the vehicle 

models suggesting that the three-dimensional tire model can provide good prediction of 

the vehicle ride responses along all the translational and rotational axes. The validated 

vehicle ride dynamics models could thus serve as important tools for suspension design 

and assessments of WBV exposure of drivers of off-road vehicles. Based on the 

developed off-road vehicle ride dynamics model, the use of a rear-axle torsio-elastic 

suspension resulted in nearly 38% reduction in the vibration total value. Furthermore, the 

suspension revealed only little sensitivity to variations in the vehicle load.  
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CHAPTER 4 

KINETO-DYNAMIC DIRECTIONAL RESPONSE 

ANALYSIS OF AN ARTICULATED FRAME STEER 

VEHICLE 
 

4.1 Introduction  

Articulated frame steer vehicles (ASV) with their enhanced mobility and manoeuvrability 

on off-road terrains are widely used in the agricultural, construction, forestry and mining 

sectors. These vehicles also operate on paved roads at relatively higher speeds and thus 

pose difficult handling and directional performance requirements. Such vehicles are 

known to exhibit relatively lower stability thresholds, particularly greater jack-knife and 

snaking tendencies, which are attributable to a number of factors [24-26]. These include 

the multi-axle vehicle design, large diameter tires and thus high mass vehicle centre of 

gravity (cg), operation on complex terrain conditions, wide range of operating speeds, 

and large vehicle load and load variations, in addition to the kinematics and dynamics of 

the articulated steering system. While the directional dynamics and stability limits of 

articulated freight vehicles have been extensively investigated, only a few reported 

studies are found on off-road articulated steering vehicles. Some of these have established 

that the hydraulic steering system is the most sensitive design factor in view of the 

vehicle steering responses and stability [25,26]. Apart from steering of the vehicle, the 

kinematics and dynamics of the hydraulic articulated frame steering system play a critical 

role in retaining directional stability of the vehicle, due to the fact that the articulated 

frame steer vehicles are inherently directionally unstable and exhibit jack-knife tendency 

about the pivot, particularly at higher speeds [25,26]. This suggests the need to enhance 



106 

 

understanding of contributions of the steering mechanism behaviour to the directional 

dynamic responses of the articulated frame steer vehicles. 

The articulated frame steering responses are strongly dependent on both the 

kinematics and dynamics of the steering system and their coupling with the dynamics of 

the vehicle. The vast majority of the reported studies on characterization of directional 

responses have employed linearized low-order vehicle models together with a simplified 

articulated steering model characterized by an equivalent linear torsional stiffness and 

damping, while the kinematics properties of the steering mechanism are entirely ignored 

[24-26,28,29]. The reported studies have generally investigated three modes of 

instabilities namely the ‘Snaking’, ‘Jack-Knife’ and ‘Oversteer’, which have been 

observed with articulated frame steer vehicles [25,26]. Crolla and Horton [24] 

investigated the steering behavior and directional responses through an eigenvalue 

analysis of the 3-degree of freedom (DOF) linear yaw-plane model of the articulated steer 

vehicle, while the steering system was described by linear torsional spring and damping 

constants. The study concluded that snaking and jack-knife types of instabilities could 

occur even at low speeds when the steering torsional stiffness is low. A higher torsional 

stiffness and damping of the articulated steering was thus suggested for enhanced vehicle 

stability limits. 

Horton and Crolla [25] further extended the model by replacing the equivalent 

torsional stiffness and damping by a linear model of the hydraulic steering system, 

although the kinematics of the steering struts and the joint was not considered. The 

results showed that an oversteer instability could occur at a speed above 24 m/s, which 

would lead to snaking mode as the driver attempts steering correction. Similar 



107 

 

observations were also made from a full vehicle test conducted by Lopatka and 

Muszynski [27]. The study also concluded that the stability limits are more sensitive to 

the steering system properties, cg positions of the front and rear vehicle bodies, and rear 

body inertia [25].  

He et al. [26] investigated the oversteer jack-knife types of instabilities of an 

articulated forestry vehicle using the model reported in [25], and showed that an oversteer 

mode could evolve into jack-knife with low torsional stiffness at the articulation. Azad et 

al. [29,177,178] developed a multi-body dynamic model of the articulated forestry 

vehicle and showed that the rear-mounted load would negatively affect the snaking 

stability mode of the vehicle. The reported studies have shown that an increase in tire 

lateral force would yield a moderate stabilizing effect while the effects of tire longitudinal 

forces and aligning moments were negligible [25,177,178].  

The above studies have invariably considered yaw-plane models of the vehicle, where 

the contributions of roll motions of the articulated units are assumed to be small. A recent 

study [30] has developed a three-dimensional multi-body simulation model of an 

articulated wheel loader with an axle suspension to study snaking and roll responses, 

while the steering mechanism was represented by equivalent linear stiffness and damping 

constants as in earlier studies. The results showed a slightly negative effect of axle 

suspensions on the snaking mode of the vehicle, which could be compensated by a 

refined design of the steering system. For a given pulse steering torque, a snaking 

instability could occur at speeds above 12.6 km/h, which was strongly influenced by the 

rear-body inertia and cg position, where the loaded vehicle with heavy rear-unit is most 

prone to snaking instability. The study suggested that an axle suspension would yield 
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improved ride comfort, while the vehicle directional stability is mostly managed by the 

design of the steering system. 

The reported studies have established that the directional stability limits of the 

articulated steered vehicles are strongly dependent upon the steering system design. The 

steering response is a nonlinear function of the steering valve flows, kinematic and 

dynamic responses of the steering struts together with the vehicle inertia, which may not 

be adequately reflected by the equivalent linear torsional spring and damping constants 

that have been invariably employed in the reported models. Kineto-dynamic analysis, 

comprising kinematic motions of the struts and dynamics of the vehicle bodies, is vital to 

identify desirable design of the steering system for enhancement of the lateral stability of 

the vehicle. The kinematic model of the articulation dampers used in the articulated 

highway vehicles has been investigated by Rakheja et al. [179], which showed that the 

additional articulation damping forces, which are strongly dependent on the geometry of 

the dampers, help improve the yaw stability of the articulated vehicle and reduce the side 

force demand on the tires. Although the study considered linear dampers at the 

articulation joint, the dampers configuration was similar to the hydraulic struts of the 

articulated frame steering system. 

Furthermore, owing to increased concerns over the vibration exposure and the 

associated health and safety risks among the driver, the modern articulated steer vehicles 

call for implementations of axle suspensions, so as to enhance vehicle ride vibrations and 

thus the preservation of driver’s comfort and health [1,22,30,232]. The integration of axle 

suspensions would pose additional challenges in view of vehicle roll dynamics and 

stability as well as the strongly coupled vehicle roll and yaw motions [152,155,233]. The 
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development of a refined nonlinear vehicle model integrating the kineto-dynamic 

characteristics of the steering system and considerations of the articulation joint, struts 

geometry, and valve flow properties is thus considered desirable. Such a model could 

serve as an important tool to seek improved designs of steering mechanism and analysis 

of directional behaviour of the vehicle. 

This chapter (paper) provides a fundamental investigation on the effects of the 

combined kinematic and dynamic characteristics of the steering system on the vehicle 

directional dynamics and stability characteristics. The mathematical formulations of the 

steering system kineto-dynamics are derived and integrated within a nonlinear 3-DOF 

yaw-plane model of an articulated dump truck. The model also captures the tire-lag 

effect. The proposed kineto-dynamic model is validated on the basis of the available 

measured data. The vehicle model integrating the kineto-dynamic steering system model 

is then applied to evaluate directional response of the vehicle and the influences of 

selected steering and vehicle system parameters.  

4.2 Kineto-Dynamic Modeling of the Steering System 

The steering behaviour of an articulated frame steer vehicle is determined from the 

kineto-dynamic of the two hydraulic struts coupling the two units of the vehicle, and 

steering control valve. The steering torque developed by the struts is dependent upon the 

kineto-dynamics of the struts together with yaw and lateral dynamics of the vehicle units. 

In this section, a kineto-dynamics model of the articulated steering system is derived 

considering fluid flows through the control valve, which is subsequently integrated within 

a nonlinear 3-DOF yaw-plane model of the articulated frame steer vehicle to facilitate 

analyses of steering and directional properties of the vehicle.  
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4.2.1 Steering system kinematics 

Figure 4.1 illustrates the kinematic model of the right and left hydraulic struts coupling 

the two vehicle units in the yaw plane. In this figure, l1l2 and r1r2 represent instantaneous 

lengths of the left and right struts, which are attached to the front unit at pivot points l1 

and r1, and to the rear unit at pivot points l2 and r2, respectively. The pivot points on the 

front and rear units are located at lateral distances of a and c from the longitudinal axis of 

the respective units, as seen in Fig. 4.1, while b and d denote the longitudinal coordinates 

of the articulation joint with respect to the front and rear units, respectively. Angles α1 

and α2 are the instantaneous yaw angles of the left strut axis l1l2 with respect to 

longitudinal axes of front and rear units, respectively. Similarly, β1 and β2 are 

instantaneous yaw angles of the right strut axis r1r2 with respect to longitudinal axes of 

the front and rear units, respectively, and φ is articulation angle. From the geometry 

shown in Fig. 4.1, relationships between these angles are obtained as: 

1 2 1 2

1 11 1 1 2
2 2

1 2 1 2

;
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where the instantaneous strut lengths, L1L2 and R1R2, are: 
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Figure 4.1: Kinematics of the articulated steering system. 

 

4.2.2 Steering system dynamics 

The above equations yield kinematic behavior of the hydraulic struts, which is further 

dependent upon the hydraulic flows from the control valve, and lateral dynamics of the 

vehicle units. Fig. 4.2 illustrates a schematic of the hydraulic steering system and 

directions of hydraulic flows during a right-turn maneuver. The steering system consists 

of a variable displacement pump with working pressure PS. The steering control valve 

stem displacement XV, caused by steering wheel rotation θsw, permits fluid flows from the 

pump to the struts and from the struts to the reservoir. The left- and right-struts develop 

forces and steering torque depending upon fluid pressure difference across the strut 

piston, strut geometry and strut kinematics.  

Valve stem displacement  

The vehicle articulation angle is directly related to displacements of the two struts, which 

is further influenced by motion resistances due to vehicle and tires. The steering system 

dynamics is thus characterized by a closed-loop system. Let φo be the articulation angle 
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corresponding to a steer input θsw in the absence of the vehicle resistances, such that 

φo=K1θsw. The constant K1 is termed as the open-loop articulation angle to steering gain, 

given by [25,26]: 

 
 

max

max
1

sw

oK



               (4.4) 

where  
maxsw  is the maximum steering input corresponding to the locked position, and 

 
maxo is the corresponding open-loop articulation angle. 
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Figure 4.2: Schematic of the hydraulic steering system for a right turn. 

 

In the closed-loop model, the vehicle articulation angle φ serves as a feedback for the 

steering valve. The steering valve stem displacement XV is thus governed by the 
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difference,       . Assuming linear relationship between XV and δ within the 

permissible valve stem displacement, -XVmax ≤ XV ≤ XVmax, as shown in Fig. 4.3, the valve 

stem displacement can be expressed as: 
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          (4.5) 
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In the above formulation, K2 is a constant and δchar is the characteristic articulation 

angle error corresponding to maximum valve stem displacement or saturation. This 

characteristic value greatly depends on the steering system design. Upon substituting for 

               in Eq. (4.5), the normalized stem displacement             can 

be related to θsw and φ in the following manner:  

 
Figure 4.3: Relationship between the valve spool displacement and the articulation error.  
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Fluid flow rates  

The rates of fluid flows to and from the struts, Q1 and Q2, are related to effective areas of 

valve openings and pressure drop across the valve, while the positive sign denotes the 

direction of the flow to the struts. The fluid flow rate from the pump to the articulation 

struts, Q1, can be expressed as [234]: 

 1
1 1

2 S
d

m

P P
Q C A




             (4.7) 

where Cd is the valve discharge coefficient, A1 is effective valve opening, ρm is fluid mass 

density, and P1 is pressures of fluid at the valve outlet (Fig. 4.2). Similarly, the rate of 

fluid flow from the struts to the reservoir, Q2, can be expressed as: 

 2 0
2 2

2
d

m

P P
Q C A




              (4.8) 

where A2 is effective valve opening, P2 is pressure of fluid discharged by the struts, and 

P0 is the reservoir fluid pressure, considered to be atmospheric. Assuming identical 

opening of the valve at the inlet and the outlet, and a linear relationship between the valve 

stem position and the areas (A1=A2=KXV), the fluid flow rates are expressed as: 

  2211 ; PXCQPPXCQ VTSVT            (4.9) 

where             is a constant coefficient. Assuming negligible pressure drop in 

the connecting pipes, the flow continuity yields, PS=P1+P2. 

The maximum flow rate through the valve occurs for maximum stem displacement and 

pressure drop, such that: 
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  2
1

maxmax mVT PXCQ            (4.10) 

where mP is the peak pressure drop across the steering valve. The fluid flow rates to and 

from the struts, normalized with respect to Qmax can be expressed as: 
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        (4.11) 

where mPPP  11 , mPPP  22 , max11 QQQ  and max22 QQQ  . 

Hydraulic struts 

Assuming negligible pressure drop across the connecting pipes and friction in the struts 

the fluid pressures within the piston- and rod-side chambers of the left strut, PL1 and PL2, 

and the right strut, PR1 and PR2, respectively (Fig. 4.2), can be expressed in terms of P1 

and P2: 

212121 ; PPPPPP RLRL                      (4.12) 

The rates of fluid flows to the left and right struts, QL1 and QR2, respectively, are 

derived for the control volumes indicated by ‘dashed boxes’ in Fig. 2, considering 

leakage flows through the piston seals, QL, and fluid compressibility [234], such that: 

2
2

21
1

1 ; R
R

RrLRL
L

LpLL P
B

V
XAQQP

B

V
XAQQ         (4.13) 

where Ap and Ar are the effective cross-section areas of the struts on the piston- and the 

rod-sides, respectively, and B is fluid bulk modulus. The leakage flow QL is linearly 

related to the pressure drop across the piston, such that: QL = KL (PL1 - PL2) = KL (PR2 - 

PR1) = KL (P1 - P2), where KL is the leakage coefficient. VL1 and VR2 define the 

instantaneous fluid volumes in the piston- and rod-side chambers of the left and right 

struts, respectively, given by: 
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RrRRLpLL XAVVXAVV  202101 ;         (4.14) 

where V0L1 and V0R2 are the initial fluid volumes in the corresponding chambers, XL and 

XR are displacements of left and right strut pistons, respectively, LX and RX are the 

corresponding velocities, which can be derived using the derivatives of the instantaneous 

strut lengths, L1L2 and R1R2, presented in Eq. (4.2), such that: 

   2121 ; RR
dt

d
XLL

dt

d
X RL            (4.15) 

Similarly, the fluid flow rates from the left and right struts, QL2 and QR1, can be expressed 

as: 

            
  

   

 
                   

  
   

 
         (4.16) 

The instantaneous fluid volumes in the rod- and piston-side chambers of the left and 

right struts, VL2 and VR1, respectively, are given by: 

RpRRLrLL XAVVXAVV  101202 ;         (4.17) 

where V0L2 and V0R1 are the initial fluid volumes in the corresponding chambers. The fluid 

flow rates to and from the struts, Q1 and Q2, are also related to the strut fluid flow rates 

from the flow continuity: 

122211 ; RLRL QQQQQQ           (4.18) 

Upon substituting for fluid pressures in different chambers in terms of P1 and P2 from 

Eq. (4.12), the normalized fluid flow rates, 1Q and 2Q , derived from Eqs (4.13) and (4.16), 

can be expressed as: 
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Simultaneous solutions of Eqs. (4.11) and (4.19) yield the fluid pressures in the 

piston- and rod-side chambers of each strut, P1 and P2. Subsequently, the forces 

developed by the left and right struts, FL and FR, respectively, can be derived from: 

rpRrpL APAPFAPAPF 1221 ;           (4.20) 

The above strut forces derived from the kineto-dynamic model of the steering system are 

applied to the yaw-plane vehicle model, presented in the following section, to derive the 

steering torque applied to the two units and their directional responses to steering inputs.  

4.3 Formulations of the 3-DOF Yaw Plane Vehicle Model 

Assuming negligible contributions due to roll motions of the vehicle units, the directional 

dynamics of the ASV can be described by a 3-DOF yaw-plane model, as described in 

earlier studies [25, 26, 30] and shown in Fig. 4.4(a).  The steering system and vehicle 

responses, however, would strongly depend upon the kinematics of the articulation struts, 

which were characterized by an equivalent linear articulation stiffness in the reported 

studies based on effective torque developed by the steering struts. In this study, the yaw 

plane vehicle model is formulated considering forces developed by the steering struts, 

derived from the kineto-dynamic steering system model, as shown in Fig. 4.4(b). The 

equations of motion for the yaw plane vehicle model are derived assuming: (i) small side-

slip angles of tires; (ii) constant forward speed of the front unit; (iii) negligible 

contributions of the tire aligning moments; and (iv) the traction forces developed being 

balanced by the motion resistances, and expressed as: 

 

Front-unit: 
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                            (4.21) 

 

Rear-unit: 

                               

                                    

    
                                        (4.22) 

where m1 and m2 are the masses of the front and rear units, respectively, and I1 and I2 are 

the respective yaw mass moments of inertia. (u1, v1, Ω1) and (u2, v2, Ω2)  are the 

longitudinal, lateral and yaw velocities of the front and rear units, respectively. Rx and Ry 

are the internal forces at the articulation joint. The geometric parameters, Lf1, Lr1, Lf2, Lr2 

and T, are as shown in Figure 4.4. FTyf = Fy1+Fy2 and FTyr= Fy3+Fy4 are the total tire 

cornering forces developed at the front and rear axles, and Fyi (i=1,…, 4) is the cornering 

force developed by tire i. (Fxf, Fyf) and (Fxr, Fyr) are the resultant strut forces acting on the 

front and rear units, respectively, along their body-fixed axis system, (x1, y1) and (x2, y2), 

given by: 

1111 sinsin;coscos  RLyfRLxf FFFFFF 

2222 sinsin;coscos  RLyrRLxr FFFFFF       (4.23) 

The steering torque acting on the front and rear units, Tsf and Tsr, are also derived 

from strut forces, as: 

bFFaFFT RLRLsf )sinsin()coscos( 1111  
 

dFFcFFT RLRLsr )sinsin()coscos( 2222  
     

(4.24)
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Figure 4.4 (a): Three-DOF yaw-plane model of an articulated dump truck; and (b) 

steering struts forces and their orientations. 

 

The constraints posed by the articulation joint yield following relationships for the 

forward, lateral and yaw velocities of the two units: 
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where is the articulation rate. Assuming a constant forward speed of the front unit and 
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eliminating the internal forces, Rx and Ry, Eqs. (4.21) to (4.25) yield the following 

equations of motion: 
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4.3.1 Tire lateral forces 

Lateral force developed by an off-road tire can be derived considering first-order tire 

dynamics, which permits contribution of the tire relaxation (tire lag) [118, 224].The 

lateral force, Fyi (i=1,…, 4), is defined as a nonlinear function of the corresponding slip 

angle αi, such that: 

)4...,,1(;)1()()(
)(
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iyi        (4.27) 

where the relaxation time    directly relates to relaxation length    and the forward speed 

u such that:        . In the above formulation, KyiByi is the cornering coefficient of 

tire i, which decreases with increasing normal load Fzi. The slip angles of the tires are 

derived as: 
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The kineto-dynamic model of the steering system together with the yaw dynamic 

model of the vehicle are solved simultaneously to determine responses of the coupled 

system and to seek design guidance for realizing enhanced direction performance and 
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stability of the vehicle. 

4.4 Method of Analysis 

The simulations were initially performed under a 90º right-hand turn maneuver for the 

purpose of limited validation of the kineto-dynamic steering system model using the 

available measured data [197]. The simulation parameters of an un-loaded and loaded 

small size articulated dump truck are summarized in Table 4.1, which were mostly 

obtained from manufacturer specifications and personal communications [197]. Owing to 

the limited available data, the validation was limited only to responses of the steering 

struts in terms of pressure differences and piston travel. The steering wheel input, 

corresponding to the right-hand turn, estimated from the steering system kinematics and 

known strut deflection, is illustrated in Fig. 4.5(a). The validated model was subsequently 

used to derive response characteristics of the steering system and the vehicle under a 

ramp-step open-loop steady turning maneuver considering a constant forward speed of 15 

km/h and a steering rate of about 0.52 rev/s, as shown in Fig. 4.5 (b).  

Table 4.1 Simulation parameters. 

Vehicle 

Parameter Value Parameter Value Parameter Value 

m1 4200kg Lf1 0.08m c 0.25m 

m2 (Unloaded) 3350kg Lf2 1.48m b 1.39m 

m2 (Loaded) 13450kg 
Lr1 (Unloaded) 

Lr1(Loaded) 

0.38m 

0.68m 

d (Unloaded) 

d (Loaded) 
0.51m 

0.20m 

I1 4800 kg.m
2
 

Lr2 (Unloaded) 

Lr2 (Loaded) 

1.16m 

0.86m 
g 0.654m 

I2 (Unloaded) 3650 kg.m
2
 T 1.0m f 0.087m 

I2 (Loaded) 14200 kg.m
2
 a 0.285m σy 0.60m 

  u1 15km/h Rw 0.65m 

     0.65    6 rad
-1

 

Steering system 

Qmax 32 L/min Ar 23 ×10
-4 

m
2
 KL 3×10

-13
  

PS 230 bar Ap 31 ×10
-4 

m
2
 δchar 6.70º  

ΔPm 110 bar (δsw)max ±2.62 rev. (L1L2)0 0.74m 

V0L1, V0L2 1.5×10
-3 

m
3
 φmax ±35º (R1R2)0 0.74m 

V0R1, V0R2 1.5×10
-3 

m
3
 β 1×10

9
Pa (P1)0, (P2)0 100 bar 
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The kineto-dynamic responses of the steering system were evaluated in terms of 

instantaneous orientations of the left- and right-struts, (α1, α2) and (β1, β2), strut 

deflections (XL, XR), normalized steering valve opening percentage (  ) fluid pressure 

(P1, P2), and resultant strut forces (FL, FR) and torque developed by the resultant struts 

forces about the articulation joint (To), which are functions of the steering system 

geometry and instantaneous strut orientations. The vehicle responses are also evaluated in 

terms of tire cornering forces and slip angles using Eqs. (4.27) and (4.28), and the 

articulation angle. Owing to significant affects of the load, the analyses are performed for 

both the loaded and unloaded vehicles, assuming negligible load transfer through the 

articulation joint. The sensitivity of the steering system and vehicle responses to 

variations in selected operating and design parameters on the directional response and 

stability characteristics of the vehicle are further evaluated to seek design guidance. This 

included variations in the steering system design and operating parameters, namely 

steering rate (    ), leakage flows QL, the maximum flow rate Qmax, characteristic 

articulation error δchar, and initial orientations of the struts. The results are used to identify 

desirable design parameters for realizing enhanced yaw stability of the vehicle. 

 
Figure 4.5: (a) Steering wheel input corresponding to the 90 degrees right-hand turn 

maneuver; and (b) Steady-turning (ramp-step) input. 
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The yaw stability of the vehicle was evaluated in terms of articulation angle response 

of the vehicle and its rate of decay under a pulse steering input. A smoothed trapezoidal-

pulse with duration of 0.5 s and peak amplitude of 100 degrees was synthesized for this 

purpose. Under this pulse steering input, the articulation angle response follows an 

oscillatory form in which the peaks of the absolute amplitudes of the response follow an 

exponential curve. The rate of decay of peaks in the oscillatory articulation response is 

described by an exponential function of the form,      
  , as presented in [30], where 

   is a constant and ρ defines the exponential decay of the articulation angle. While a 

positive value of ρ denotes a diverging response, ρ < 0 would yield a stable directional 

response, although the response could be oscillatory. The influences of variations in the 

steering system parameters on ρ are also investigated for both loaded and unloaded 

vehicles. 

4.5 Results and Discussions  

4.5.1 Model validation  

Figures 4.6(a) and 4.6(b) illustrate comparisons of responses of the unloaded vehicle 

model with the available field-measured data for the 90º right-turn maneuver, shown in 

Fig. 4.5(a), in terms of pressure difference (P1 -P2) and the left piston travel, respectively. 

The simulation results show zero pressure difference and piston travel up to about 20s 

prior to application of the steering input, while the measured data reveals small variations 

that are mostly attributed to corrective steering and steering system compliance. The 

pressure difference and the strut deflection increase rapidly with application of steering 

wheel input and decrease as the steering wheel input diminishes.  
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Figure 4.6: Comparisons of left strut pressure difference and piston travel responses 

derived from the kineto-dynamic model under the 90-degrees right-hand turn maneuver 

with the measured data: (a) pressure difference; and (b) piston travel (U=15 km/h). 

 
The comparisons show reasonably good agreements of the model responses with 

limited available measured data, although some discrepancies between the two are also 

evident. In particular, the measured responses exhibit substantial high frequency 

variations in the strut pressure, which may be attributed to tire interactions with the 

terrain and compliance of the steering mechanism. The articulation angle and path 

trajectory of the two units obtained for the unloaded vehicle model are also shown in 

Figs. 4.7(a) and 4.7(b), respectively. The variations in the articulation angle follow the 

steer input, as it would be expected. 

 
Figure 4.7: (a) Articulation angle; and (b) Path trajectories of the front and rear units of 

the unloaded vehicle subject to 90-degrees right-hand turn maneuver (U= 15km/h). 
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4.5.2 Steady-state response characteristics of the steering system 

Fig. 4.8 illustrates responses in terms of articulation angle, normalized valve opening   , 

and strut orientations and travel for both the unloaded and loaded vehicles under the 

ramp-step steer input shown in Fig. 4.5(b). The strut orientation responses, however, are 

presented only for the loaded vehicle, which were very close to those of the unloaded 

vehicle. The struts deflections and articulation angle responses of the loaded vehicle 

increase slightly slowly compared to the unloaded vehicle but approach identical steady 

values. This may be partly caused by increased flow demand of the loaded vehicle, which 

is evident from saturation of the valve opening in Fig. 4.8(b). In case of the unloaded 

vehicle, however, the valve remains only partly open during the entire maneuver to meet 

the articulation torque demand.  

The results further show asymmetric variations in orientations of the left and right struts, 

as shown in Fig. 4.8(d). The orientations of the left- and right-struts with respect to the 

front unit (α1 and β1) vary far more than those of the struts with respect to the rear unit (α2 

and β2). In a similar manner, for the given geometric configuration, the right- and left-

struts also exhibit asymmetric deflections for both loaded and unloaded vehicles, as seen 

in Fig. 4.8(c), which is attributable to geometric nonlinearities of the frame steering 

mechanism. Moreover, higher pressure difference across the strut pistons results in higher 

leakage flows through piston seals in case of the loaded vehicle, where the valve remains 

slightly open in the steady conditions. 
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 Figure 4.8: The steady-steer responses of the loaded and unloaded vehicles and steering 

struts: (a) articulation angle; (b) normalized valve opening; (c) strut deflections; and (d) 

strut orientations (U= 15km/h). 

 
Asymmetry in the steering strut responses is also evident from the fluid pressure in 

the strut, and the resultant strut forces and steering torque at the articulation joint, as seen 

in Fig. 4.9. The Fig. 4.9(a) shows variations in pressure difference of the left strut, forces 

developed by the two struts (FL and FR) and effective torque developed at the articulation 

joint of the loaded and unloaded vehicle models. It should be noted that in the absence of 

a steer input both the struts impose identical forces on the two units, which is attributed to 

equilibrium fluid pressure and effective working area of the strut (cross-section area of 

the rod, Ap -Ar). The flow of fluid to/from the struts causes the pressure difference across 

the piston, and thus the strut forces and torque to increase until the vehicle assumes a 

steady trajectory.  
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Figure  4.9: Responses of the steering struts of the loaded and unloaded vehicle subject a 

steady-turning steer input: (a) pressure difference across the strut pistons; (b) right- and 

left-struts forces, FL and FR; (c) steering torque at the articulation joint; and (d) front- and 

rear-axle cornering forces(U=15 km/h). 

 

The loaded vehicle places a greater demand for the strut forces and articulation 

torque, as seen in Fig. 4.9(b) and 4.9(c), respectively, which causes relatively greater 

cornering force demand on the tires of the loaded vehicle, as seen in Fig. 4.9(d). The total 

cornering force developed by the tires is considerably larger for the loaded vehicle than 

for the unloaded vehicle, which also yields greater side-slip angles of the loaded vehicle 

tires. The lateral force developed by the front axle tires of the unloaded vehicle and the 

corresponding slip angles are higher than those for rear axle. An opposite trend, however, 

is evident for the loaded vehicle, which is attributed to considerably higher rear axle load 

of the loaded vehicle.  
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Parameter sensitivity analysis 

In addition to the vehicle load, the steering system responses greatly depend on various 

operating and design parameters of the vehicle and the steering system including vehicle 

speed, rate of steering, maximum valve flow rate, characteristic articulation angle error, 

struts orientations and leakage flows through the piston seals. The influences of 

variations in these parameters on the steady-steering responses of the loaded vehicle are 

investigated by varying only a selected parameter, while retaining others to their 

respective nominal values (Table 4.1). The results attained could provide important 

guidelines on the articulated steering system. 

The influence of variations in vehicle forward speed on selected responses of the loaded 

vehicle and the steering system are initially obtained by considering forward speeds of 10 

and 20 km/h in addition to nominal speed of 15 km/h, as seen in Fig. 4.10. An increase in 

forward speed resulted in significant increase in lateral acceleration of the front- and rear-

unit, which results in significantly larger axle cornering forces, as seen in Figs. 4.10(a) 

and 4.10(b). While the rear unit lateral acceleration increases relatively slowly compared 

to the front unit, both units approach nearly identical steady-state lateral acceleration. 

Greater axle forces at a higher speed also impose a higher demand for steering torque and 

thus the strut forces, as seen in Figs. 4.10(c) and 4.10(d), respectively. The pressure 

difference across struts piston thus also increases with increasing speed, as seen in Fig. 

4.10(e), while the maximum steering valve openings corresponding to 15 and 20 km/h 

speeds remain the same due to valve saturation, as seen in Fig. 4.10(f). The valve opening 

increases rapidly with increase in the steering input and approaches its maximum value 

near 3.2 s prior to the maximum steer input that occurs near 4 s. subsequently, the valve 
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opening saturates to its maximum value (XVmax) and diminishes as the vehicle 

combination approaches desired steady articulation angle. 

 
Figure 4.10: Effect of the forward speed on: (a) lateral acceleration of the front and rear 

units; (b) lateral forces due to front and rear unit axle tires; (c) steering torque; (d) struts 

forces; (e) pressure difference across the struts pistons; (f) normalized valve opening. 

The steering system responses, particularly the flow demands, are most significantly 

affected by the rate of steering input. The influence of steering rate on the steering system 
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yields higher struts velocities and articulation rate, which poses greater flow demand, as 

seen in Fig. 4.11. The strut deflections and articulation angles, however, converge to 

identical steady values, irrespective of the steering rate, as expected. The higher flow 

demand corresponding to a rapid steering causes rapid valve opening and greater 

saturation, as seen in Fig. 4.11(c). This together with fluid compressibility yields 

oscillations in pressure difference across the struts pistons, and thus the articulation 

torque, as seen in Figs. 4.11(e) and 4.11(f). A higher steering rate may thus lead to 

oscillations in the articulation angle and thus weaving motion of the vehicle. 

The steering valve saturation is directly related to characteristic articulation angle 

error δchar. Fig. 4.12 illustrates dependency of the system responses on δchar, which is 

varied by ±25% around its nominal value. The Fig. 4 shows responses in terms of 

normalized valve opening   , normalized flow rate   , articulation angle, pressure 

difference across the struts pistons, and steering torque at the articulation joint. A lower 

value of δchar causes rapid valve opening and saturation, and a higher flow rate. A rapid 

articulation angle response could thus be obtained with a lower δchar, as seen in Fig. 

4.12(b). A further decrease in δchar by -50%, however, causes oscillations in the responses 

during valve closing and may lead to snaking instability. This is evident from the 

divergent pressure differential and steering torque responses, where δchar is reduced by 

50%, as seen in Figs. 4.12(d) and 4.12(e), respectively. This is most likely caused by 

relatively higher fluid pressure in the struts. 



131 

 

 
Figure 4.11: Effect of rate of steering input on: (a) struts travel; (b) articulation angle; (c) 

normalized valve opening; (d) normalized flow to/from the struts, 1Q , 2Q ; (e) pressure 

difference across the struts pistons; and (f) steering torque at the articulation joint.  
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faster steering torque response. Conversely, a reduction in valve flow rate by 25% causes 

valve opening saturation for a relatively longer duration, while the steering torque and 

thus the articulation angles approach their respective steady-values at a slightly slower 

rate. Irrespective of the maximum valve flow, the vehicle and the steering system 

approach identical steady values. A further increase in Qmax by 75%, however, yields 

oscillatory responses during valve closing and may lead to weaving motion of the 

vehicle, which is also evident from the divergent pressure differential and steering torque 

responses, as seen in Figures 4.13(c) and 4.13(d), respectively. This is most likely caused 

by relatively higher fluid pressure in the struts. 

The results in Figs. 4.10 to 4.13 suggest that reducing the maximum valve flow-rate 

or increasing the characteristic articulation angle error would result in higher steering 

response time. This can be associated with relatively higher effective damping of the 

steering system. The reported studies have characterized the hydraulic frame steering 

system by equivalent torsional damping and stiffness at the articulation joint [25, 26, 28- 

30, 177, 178]. These have shown that a higher torsional damping of the articulation 

system is desirable for enhanced snaking stability limits of the vehicle through the 

steering system.  

The leakage flows through the piston seals can also significantly alter effective 

damping of the steering system and thus the yaw responses of the vehicle. The leakage 

flows across the piston are dependent upon the pressure difference, hydraulic fluid 

properties, and the leakage area, and are described by the flow leakage coefficient KL 

considering laminar flow. The effect of leakage flows through the piston seals on the 

system responses is thus investigated by considering three different values of KL: KL=0 
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(no leakage); KL=3×10
-13 

(nominal); and KL=15×10
-13 

(greater leakage). Fig. 4.14 

illustrates the influence of variations in KL on selected kineto-dynamic responses of the 

steering system including normalized valve opening, normalized leakage flows   , 

normalized flow rates,    and    fluid pressures, P1 and P2, pressure difference, steering 

torque, and articulation angle. 

 
Figure 4.12: Effect of the characteristic articulation angle error δchar on: (a) normalized 

valve opening; (b) normalized flow rate, 1Q ; (c) articulation angle; (d) pressure difference 

across the struts pistons; and (e) steering torque at the articulation joint. 
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Figure 4.13: Effect of the maximum valve flow rate Qmax on: (a) normalized valve 

opening; (b) articulation angle; (c) pressure difference across the struts pistons; and (d) 

steering torque at the articulation joint. 

 

As expected, variations in KL yield only minimal changes in pressure difference 

across the struts pistons, while the leakage flow increases for a higher value of KL. For a 

higher leakage flow, however, the flow rates,    and   , converge to non-zero values, 

which suggests continued flow demand due to higher leakage apart from the fluid 

compressibility effect. This is also evident from Fig. 4.14(a), which shows that the valve 
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mechanism, too large a leakage imposes continued flow demand and alters the 

articulation angle response slightly, as seen in Fig. 4.14(g). 

 
Figure 4.14: Effect of leakage coefficient on:(a) normalized valve opening; (b) 

normalized leakage flow LQ ; (c) normalized flow rates, 1Q , 2Q ; (d) fluid pressures P1 

and P2; (e) pressure difference across the strut piston; (f) steering torque developed; and 

(g) articulation angle. 
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The response characteristics of the vehicle and steering system and the effective 

damping of the steering mechanism are also dependent upon its kinematics apart from the 

flow characteristics. The sensitivity of the system responses to steering system geometry 

is further examined by considering variations in orientations of the left- and right-struts 

with respect to the longitudinal axes of the front (α1 and β1) and rear (α2 and β2) units, 

which are function of lateral spread of the struts mounts on the front and rear units and 

length of the struts, as described in Eqs. (4.1) to (4.3) and shown in Fig. 4.1. The 

influence of variations in struts orientations is investigated considering two sets of 

geometric parameters. In the first case, lateral spread of strut mounts on the lead unit 

(parameter a) is increased by 15%, while that of the mounts on the rear unit (parameter c) 

is decreased by 15% from the respective nominal value. This causes the orientation 

angles (α1, α2) and (β1, β2) to increase to -8.8° and 8.8°, respectively from the nominal 

values of -2.7° and 2.7°. In the second case, parameter a is decreased by 15%, while 

parameter c is increased by 15%, which resulted in α1 = α2=3.5° and β1 = β2=-3.5°. 

The effect of such variations in steering system responses are illustrated in Fig. 4.15, 

where the simulation runs are denoted by respective angle α = α1 = α2. A decrease in 

lateral spread c (α=-8.8°) yields greater struts deformations and thus greater flow demand 

that causes the valve to saturate relatively rapidly, as seen in Fig. 4.15(a) to 4.15(c), 

respectively. This yields relatively lower pressure differential and thus lower forces 

developed by the struts, as seen in Figs. 4.15(d) and 4.15(e), respectively. The greater 

kinematic advantages, however, cause steering torque, comparable to the nominal case, to 

achieve the desired articulation angle. Increasing the lateral spread c (α =3.5°) results in 

lower initial struts lengths and struts deflections compared to the nominal case. This 
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poses a lower flow demands and thus the valve remains only partly open during the entire 

maneuver. The pressure differential and thus the struts forces, however, tend to be higher. 

 
Figure 4.15: Influence of variations in struts orientations on:(a) struts deflections; (b) 

normalized valve opening; (c) normalized flow rate to the struts LQ ; (d) pressure 

difference across the strut pistons; (e) resultant strut forces; and (f) steering torque 

developed at the articulation joint. 
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mechanism, and linear tire cornering properties [25,26,30,177]. For the non-linear kineto-

dynamic model considered in this study, the snaking stability can be evaluated from 

articulation angle response of the combination under a pulse steering input, where a 

divergent response would indicate a yaw or snaking instability of the vehicle [30]. As an 

example, Figs. 4.16(a) and 4.16(b), respectively, illustrate articulation responses of the 

unloaded and loaded vehicle models subject to a pulse steering input at a forward speed 

of 15 km/h. The results show oscillatory yaw responses of the vehicles with oscillation 

frequencies of 4 Hz and 2.3 Hz for the unloaded and loaded vehicles, respectively. The 

amplitudes of oscillations tend to decay in an exponential manner indicating stable yaw 

response, while the oscillation frequency represents the snaking mode frequency. This 

frequency greatly depends on inertias of the two units, the steering system kinematics and 

flexibility, which has been characterized by an equivalent torsional stiffness at the 

articulation joint [25,26,30,177]. Apart from the frequency, the rate of decay of 

oscillations, ρ, is also an important indicator of the snaking stability, in-particular, the 

effective system damping, which is further dependent upon the vehicle speed. A snaking 

mode diagram, illustrating variations in ρ with vehicle speed, is used to study the effects 

of the selected kineto-dynamic design parameters of the steering system on the snaking 

stability of the vehicle. 

The snaking mode diagrams of the unloaded and loaded vehicle models with nominal 

steering system parameters (Table 4.1) are illustrated in Fig. 4.17. The results suggest 

lightly damped snaking mode at low forward speeds. The rate of decay of oscillations 

increases with speed up to 30 and 45 km/h for the unloaded and loaded vehicles, 

respectively. The addition of load to the rear body of the vehicle would result in lower 
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decay rate at speeds below 37km/h, as seen in Fig. 4.17. The rate of decay of yaw 

oscillations tends to decrease with increase in speed beyond 30 and 45 km/h for the 

unloaded and loaded vehicles. This suggests greater yaw oscillations or snaking 

tendencies of the vehicles at higher speeds. The results show that the decay rate of the 

loaded vehicle approaches a positive value (ρ > 0) at a speed of 90 km/h, where the yaw 

response would be divergent. The unloaded vehicle exhibits yaw instability at a relatively 

higher speed of 120 km/h. Relatively lower stability limit of the loaded vehicle is 

attributable to greater inertia of the rear unit and shifting of the rear unit center of mass 

toward the articulation joint, which can further deteriorate the snaking stability of the 

vehicle [30]. The observed stability limits are considerably higher than those reported in 

earlier studies [25, 26, 30, 177], which do not consider the damping effect due to leakage 

that tends to enhance the stability limit. The obtained trend of the obtained snaking mode 

diagram is comparable to that obtained by He et al. (2005) for 3 DOF model of forestry 

skidder with equivalent torsional stiffness of (2×10
5
) at articulation joint and also with 

the results obtained by Rehnberg and Edrén [236] for a planar linear model of wheel 

loader considering no extra weights.  

 
Figure 4.16: Examples of articulation angle responses corresponding to a stable snaking 

mode of (a) unloaded; and (b) loaded vehicle (U=15 km/h). 
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Figure 4.17: Influence of the vehicle speed on the snaking stability of the unloaded and 

loaded vehicles. 
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leakage. The observed stability limits for KL=0 are quite comparable with those reported 

in earlier studies considering equivalent torsional stiffness of the steering mechanism at 

the articulation joint [25, 26, 30, 177]. Introducing the leakage flows across the piston 

seals results in higher effective damping and thus considerably higher stability limits. 

While a higher leakage flow seems to be beneficial for enhanced snaking stability limit of 

the vehicle, too high a leakage flow would yield continuous valve opening to provide 

sufficient steering torque and may lead to failure of the hydraulic steering system.  

 
Figure 4.18: Influence of variations in leakage flow on the decay rate of yaw oscillations 

of the: (a) unloaded; and (b) loaded vehicles. 
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respectively for -25% and +25% variations in δchar and Qmax. For the loaded vehicle, the 

corresponding stability limits decrease to about 75 and 80 km/h, respectively. The 

maximum decay rates of yaw oscillations, however, occur at the same forward speeds, 

near 30 km/h and 45 km/h for the unloaded and loaded vehicles. 

 
Figure 4.19: Influence of variations in characteristic articulation angle error δchar and 

maximum valve flow-rate Qmax on the rate of decay of yaw oscillations of the vehicles: 

(a) δchar-unloaded; (b) δchar -loaded; (c) Qmax-unloaded; and (d) Qmax -loaded. 
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and loaded vehicles is examined by considering different orientations of the struts (α = -

8.8°; -2.7°; 3.5°), as described in the previous section. Fig. 4.20 illustrates the effect of 

struts orientations on the decay rate of articulation angle responses of the unloaded and 

loaded vehicles. The results clearly show important effects of struts orientations on the 

decay rate and thus the stability limits. The results show that an decrease in lateral spread 

c (α = -8.8°) would yield higher yaw stability limits, while increasing the lateral spread c 

(α =3.5°) yields lower stability limits of both unloaded and loaded vehicles, compared to 

those obtained for the nominal orientation angles (α = -2.7°).  

 
Figure 4.20: Influence of variations in struts orientations on the rate of decay of 

articulation angle responses: (a) unloaded; and (b) loaded vehicle. 
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 The directional responses of an articulated steer vehicle are strongly dependent 

upon the kineto-dynamic properties of the steering mechanism. The steering 

responses and yaw stability limits are most significantly affected by the effective 

damping of the steering mechanism, which is dependent upon the maximum valve 

flow rate, the characteristic articulation angle error, and the leakage flows within 

the struts and struts orientations.  

 Under a rapid steering input, the struts impose greater flow demand to generate 

desired articulation torque leading to steering valve saturation, which may cause 

oscillatory articulation response and thus weaving motion of the vehicle.  

 A lower value of the characteristic articulation angle error also yields rapid valve 

opening and saturation. Too low a value of the characteristic articulation angle 

error could lead to snaking instability.  

 The struts geometry also affects the effective damping and the yaw stability limits 

of the vehicle. Increasing the struts orientation angle yields greater strut travel and 

thus greater flow demand and valve saturation.  

 The steering valve saturation should be avoided since it results in relatively lower 

pressure difference across the strut piston and thus lower strut forces and 

articulation torque. The valve flow saturation could be circumvented by 

increasing the maximum valve flow rate, while too large a valve flow rate could 

also yield weaving motion of the vehicle due to large pressure differential across 

the strut piston.   

 Reducing the maximum valve flow-rate or increasing the characteristic 

articulation angle error would result in increased steering response time, which is 
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attributable to relatively higher effective damping of the steering system. Leakage 

flows across the strut piston help enhance effective damping substantially and 

thus the yaw stability limits of the vehicle. Too large a leakage, however, imposes 

continued flow demand from the steering valve and may lead to failure of the 

struts.  
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Chapter 5 

A Three-Dimensional Model of an Articulated Frame-Steer 

Vehicle for Coupled Ride and Handling Dynamic Analyses  
 

5.1 Introduction 

Articulated frame steer vehicles (ASV) with their enhanced mobility and 

maneuverability on paved as well as off-road terrains are widely used in the construction, 

forestry, agricultural and mining sectors. Such vehicles exhibit complex ride and 

directional performance attributed to their high mass center (cg), relatively soft tires, 

wide variations in load and load distribution, and kineto-dynamics of the frame steering 

mechanism. Furthermore, these vehicles are generally unsuspended; the soft and large 

diameter tires coupled with high mass center cause comprehensive magnitudes of low 

frequency translational and rotational whole-body vibration (WBV), when operating on 

off-road terrains. Prolonged occupational exposure to such WBV has been strongly 

associated with various health and safety risks among the drivers [5,6]. A number of 

studies have shown that the ride vibration of such vehicles exceed the health caution 

guidance zone defined in ISO-2631-1 [3], and the ‘action’ and/or ‘limit’ values defined in 

the EC guidelines [1,2,4,7,51]. The control of terrain-induced vibration is generally 

limited to elastic cabin mounts that provide attenuation of only higher frequency 

vibration and a suspension seat to isolate only vertical vibration, when adequately tuned 

to the target vehicle. Furthermore, the ride vibration attenuation performance of 

secondary suspensions (seat and cab), generally derived from the subsystem models 

[9,10,13-15], are limited due to lack of consideration of dynamics of the target vehicle 

[11]. While the superior performance potentials of axle suspension have been widely 



147 

 

demonstrated in limiting the translational as well as rotational vibration, the suspension 

designs and implementations have been attempted in only a few studies [17-21]. This 

may in-part be attributed to design challenges associated with conflicting requirements 

posed by the ride and roll stability measures, and wide variations in the axle loads. 

Apart from the complex ride, such vehicles also yield relatively lower directional 

stability limits, particularly greater jack-knife and snaking tendencies, and reduced roll 

stability, due to  high cg and vehicle load coupled with kinematics and dynamics of the 

steering system [29,157-159]. While the wide and large diameter soft tires are beneficial 

in realizing improved traction and ride performance during off-road operations, the lower 

effective tire roll stiffness and track width tend to lower the roll stability limit. This would 

be of greater concern when operating on paved roads at relatively higher speeds.  

Compared to the heavy road vehicles, the ride and handling properties of ASVs have 

been addressed in very few studies. The ride properties of such vehicles have been mostly 

evaluated through field measurements. The reported off-road vehicles analysis models 

focus either on ride properties assuming constant forward speed, non-deformable terrain, 

and negligible contribution due to steering system and vehicle articulation [17-23,232], or 

directional responses assuming smooth terrain surface and thereby neglecting the 

contributions of vertical tire interactions with the terrain [29,157-159,235]. A number of 

ride dynamic models of different off-road vehicles have been employed to explore 

performance potentials of axle suspensions, and influences of various design and 

operating factors on the ride performance [17-23,232]. These have mostly focused on 

different passive and semi-active axle suspensions for agricultural and military vehicles 

[43,93-100]. Rehnberg and Drugge [21] developed virtual multi-body models of an 



148 

 

articulated wheel loader with and without axle suspensions using MSC/ADAMS software 

to investigate the effects of front and rear axle suspensions on vehicle ride, which 

revealed significant reductions in the longitudinal and vertical accelerations.   

In a similar manner, the analyses of directional stability limits of off-road vehicles 

have been limited to very simple models [174,175]. The extensive studies on heavy road 

vehicles, on the other hand, have evolved into not only comprehensive simulation models 

but also a series of directional performance measures [45,170,173, 180,195,236,237]. 

This may be partly attributed to low operating speed of off-road vehicles. The ASVs, 

however, also operate on paved roads at relatively higher speeds, where the roll stability 

limit would be of concern. Furthermore, roll instability may occur even at lower speeds. 

Uneven sinkage of left and right wheels on deformable terrains could yield greater lateral 

load transfers and sprung mass roll displacement moment, and thus lower roll stability 

limit. Furthermore, it has been shown that the slope stability of an ASV could be 13º less 

when steered to full-lock position compared to that observed during straight driving 

[175]. The yaw stability limits of ASVs have been investigated using simple 3-DOF yaw-

plane linear models, where the contributions due to kinematics and dynamics of the frame 

steering, the roll motions of the articulated units and vertical tire-terrain interaction are 

ignored. The steering system is characterized by equivalent linear torsional stiffness and 

damping elements, while the kinematic properties of the steering mechanism are entirely 

ignored [28,29,157-159].  The yaw stability limit of an ASV is most significantly affected 

by the effective damping of the steering mechanism, which is dependent upon kineto-

dynamics of the steering struts, leakage flows and the characteristic steering valve flow 

rate [235]. A few studies have also investigated static stability of ASVs on slopes/cross-
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slopes for developments in rollover protection structures and rollover early-warning 

devices [34-38,174-176].  

Unlike the heavy road vehicles, the vertical tire interactions with off-road terrains 

could cause substantially higher variations in tire vertical and lateral forces, and thereby 

affect the vehicle directional performance, particularly the roll stability limits. Owing to 

increasing demands on the high speed ASVs for both on- and off-road operations, the roll 

stability analysis of these vehicles becomes an important issue in addition to the ride 

dynamics. The analyses of both the ride and directional properties of ASVs require 

simulation models incorporating kineto-dynamics of the frame steering system and 

dynamic tire interactions with random off-road terrains. Such models could provide 

important design guidelines for the suspension and steering mechanism for realizing 

improved compromises in ride and roll performance.  

In this study, a comprehensive three-dimensional model of an articulated frame steer 

vehicle with and without a rear axle suspension is developed to investigate ride and 

directional responses of the vehicle. The model incorporates kineto-dynamic properties of 

the frame steering mechanism and tire interactions with the random terrain tracks, while 

assuming constant forward speed. The proposed model is validated on the basis of the 

field-measured ride vibration data, and the steering strut responses under a steady-turn 

steering input. The yaw and roll dynamic responses of the vehicle are evaluated under 

different dynamic maneuvers. The influences of variations in the selected design and 

operating parameters including suspension and steering system parameters and vehicle 

load on the ride performance and stability limits are further presented through a 

parametric study. 
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5.2 Vehicle Model: 

A three-dimensional ride and yaw/roll directional dynamics model of an ASV with 

and without a rear axle suspension is developed. For the unsuspended ASV, each unit 

together with the axle is considered as a rigid body with 6 degrees-of-freedom (x-

longitudinal; y-lateral; z-vertical; -roll;  -pitch; and  -yaw). For the suspended ASV, a 

torsio-elastic rear-axle suspension is considered that can provide softer ride with greater 

roll stiffness [22]. 
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Figure 5.1: Body-fixed axis systems defined for the articulated frame steer vehicle with 

two sprung masses and one unsprung mass. 
 

The coupled differential equation of motion for the front and rear units (i =f, r) are 

derived considering respective body-fixed coordinate system (isi, jsi, ksi ; i =f, r), as shown 

in Fig. 5.1. Figures 5.2 and 5.3 illustrate the unsuspended ASV model in the pitch, roll 

and yaw planes, while the roll plane model of the rear unit with a torsio-elastic 

suspension is shown in Fig. 5.4. Each suspension unit comprises two elastic torsion bars, 

reinforced with a steel rod, attached to the sprung and unsprung units (shown with grey 

shading in Fig. 5.4). The two torsion bars are coupled through a link of nearly elliptical 

cross-section. Each link is modeled as a rigid body with three-DOF: lateral, yj; roll,  ; 
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and vertical zj, where j=L, R denote left- and right-suspension unit. The equations of 

motion for the front       and rear        units are derived as:  

Longitudinal:                                    
     

     
     

     
  

Lateral:                                             
     

     
     

     
 

Vertical:                                           
     

     
     

       

Roll:                       
           

      
            

     
     

     
      

Pitch:                     
           

      
            

     
     

     
 

Yaw:                     
           

      
            

     
     

        (5.1) 

where     is mass of unit          , and      
,      

 and      
 are the mass moments of 

inertia about the fixed axis (isi, jsi, ksi), respectively. For the rear unit, these represent the 

total values of the sprung and unsprung units in the absence of the suspension. 

              are the longitudinal, lateral and vertical velocities of unit i, respectively; 

and               are the corresponding roll, pitch and yaw velocities.     
     

     
 

and     
     

     
are the total tires forces acting on the front and rear unit, 

respectively, and     
is the force developed by tire l  (l=1,…, 4)  along the corresponding 

body-fixed axis   (       ), and     
 are the corresponding moments. (    

 and      
) 

are the forces imposed on unit           by the hydraulic steering struts along the 

respective body-fixed x- and y-axis, respectively.     
 are the moments due to steering 

strut forces about the corresponding body-fixed axis   (       ) of unit          . 

    
 are the forces acting on the rear unit due to rear axle suspension, when present, along 

the axis   (       ), and     
 are the corresponding moments.     

 and     
 are the 

articulation constraint forces and moments acting on unit           along axis   

(       ), respectively.     
 are the components of the gravity force of unit   along the 
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corresponding body-fixed axis   (       ). Assuming small side-slip angles of tires, 

constant forward speed of the front unit and that the traction force developed is balanced 

by the motion resistances, the equation of motion along the x-axis may be omitted. 

 For ASV with the rear axle suspension, the equations of motion for the unsprung 

mass are derived using the body-fixed coordinate system (iu, ju, ku) attached to the center 

of mass (cg) of the rear axle, while those of the linkages are formulated with respect to an 

axis system fixed to center of each linkage (ij, jj, kj); j= L, R, where subscripts “L” and 

“R” refer to the right- and left-suspension linkage, respectively.  
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Figure 5.2: Schematic representation of the unsuspended vehicle models in the pitch 

plane 
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Unsprung mass: 

                   
     

     
 

                   
     

     
 

    
        

     
            (5.2) 

Suspension linkage masses: 

                   
     

 

                   
     

 

    
        

                          (5.3) 

where    and     
 are the mass and roll mass moment of inertia of the unsprung mass, 

respectively, and   ,    and    are the lateral, vertical and roll velocities of the unsprung 

mass, respectively.     
and     

 are the total forces due to right- and left tires along the 

y- and z-axis of the axis system attached to the unsprung mass, respectively, and     
 is 

the corresponding roll moment.     
and     

 are the total forces developed by the left- 

and right-suspension acting on the unsprung mass along the y- and z-axis, respectively, 

and     
 is resulting roll moment.     

and     
 are the components of the gravity force 

along the y- and z-axis of the unsprung mass.    and     
 are the mass and roll mass 

moment of inertia of the suspension link j, j=L, R, respectively.   ,    and   , 

respectively, denote the lateral, vertical and roll velocities of the link j.     
,     

 and     
 

are the total suspension forces and moment due to suspension linkage j (j=L, R) acting 

along y-, z- and x-axis of  the coordinate system fixed to the linkage mass, and      
and 

    
 are the components of the gravity force along the respective axis. 
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Figure 5.3: Schematic representation of the vehicle models: (a) roll-plane; and (b) yaw 

plane. 

 

 The vehicle attitude and trajectory are defined with respect to a fixed inertial 

coordinate system (iE, jE, kE), as shown in Figs. 5.1 to 5.4. The relationship between each 

of the body-fixed axis system and the inertial axis system are obtained using the 
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corresponding Euler angles, which define the transformation matrices between the body-

fixed and inertial axis systems. Euler angles, describing yaw ( ), pitch ( ), and roll ( ) 

rotations of each rigid body, are thus defined for formulating the transformation matrices, 

which also define angular displacements of each body with respect to the inertial axis 

system. The Euler angular velocities of the sprung mass (  
                   ), unsprung 

mass (  
 ) and the suspension linkage mass (  

       ) with respect to the inertial axis 

system can be related to the rotational velocities in the fixed-body coordinated system 

[189], such that: 
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Figure 5.4: Roll plane model of rear unit with a torsio-elastic suspension (rear view) 

 

  
                                          

                                 
 

      
                      ;  
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                       (5.4) 

Equation (5.4) can be integrated numerically to obtain the Euler angles and thus the 

angular displacements of the rigid bodies,            ,    and    . The transformation 

matrices relating different axis systems can thus be derived from the corresponding 

rotational matrices about the z-, y-, x-axis of the sprung masses, unsprung mass and the 

linkage masses [189]. 

5.2.1 External forces and moments: 

Suspension forces and moments 

The torsio-elastic suspension, as described in details in [22], is characterized by its radial 

and torsional visco-elastic properties. Each torsion bar is modeled using equivalent linear 

stiffness and damping along the vertical (kz, cz) and lateral (ky, cy) axes, and the torsional 

stiffness and damping (kt, ct), as shown in Fig. 5.4. The total rear-axle suspension forces 

(     
,     

), and moments, (    
,     

,     
), developed by the right (R) and left (L) 

torsio-elastic suspension, acting on the sprung mass in the corresponding coordinate 

system (isr, jsr, ksr), can be expressed as: 

    
       

      
;           

       
      

;  

    
       

      
       

         
      

  

    
         

           
        

          (5.5) 

Similarly, the total suspension forces and moments acting on the unsprung mass along its 

coordinate system (    
,     

,     
) are obtained as: 

    
      

       
;                 

      
      

;  

    
      

      
       

              
      

        (5.6) 

where      
and      

 are the forces developed by suspension j (j=L, R) acting on the 
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mass k (k=s,u; where s and u denote the sprung and unsprung mass, respectively).      
, 

     
and      

 are the moments developed by suspension j (j=L, R) acting on the sprung 

mass and      
 are the roll moments acting on the unsprung mass, as shown in Fig. 5.5.  

            and    are the geometric parameters shown in Figs. 5.2 to 5.4.  
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Figure 5.5: Suspension and tire forces and moments acting on the sprung mass and rear 

axle 
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The suspension forces are derived from the relative velocities and displacements 

across torsion bars coupling the sprung mass to the link,      
and      

(denoted by joints 

SR-PRS and SL-PLS in Fig. 5.5), and across the link and the unsprung mass,      and       

(denoted by joints PRu-UR and PLu-UL in Fig. 5.5). The torsional moments due to each 

torsion bar attached to the sprung and unsprung mass,      
and       (j=L, R) are also 

derived in a similar manner from the relative roll velocities and displacements. The 

resultant suspension forces and moments acting on each suspension link are obtained as: 

    
      

      ;         
      

       

    
      

       
  

 
      

                                      (5.7) 

 
Constraint forces and moments 

The two units are rigidly coupled along the translational axes, i.e., the accelerations 

along the x-, y- and z-axis at the articulation joint are the same for both the units. The 

constraint forces transmitted to each unit (    
,     

,     
; i=f, r) are determined from the 

kinematic constraints. The two units, however, can yaw, pitch and roll relative to each 

other. While the yaw moment imposed on each unit is derived from kineto-dynamics of 

the steering struts [235], the roll and pith constraint moments are calculated by 

considering the roll and pitch compliance of the coupling mechanism, as seen in Fig. 5.6. 

The effective pitch and roll stiffness at the articulation joint are assumed to be 

considerably large, primarily attributed to articulation and vehicle structures. The roll and 

pitch constraint moments are thus derived as functions of the relative roll and pitch 

displacements between the front and the rear units.  

A reference coordinate system (  
    

    
 ) is defined at the articulation joint, where the 
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roll rotation is identical to that of the front unit (  
     ) while the pitch and roll 

rotations,   
 and   

 , differ, as shown in Fig. 5.6. The vertical axis (  
 ) is parallel to that 

of the rear unit (   ), such that:   
        and   

       . Applications of 

transformation matrices relating the body-fixed and inertial coordinate systems yield 

following relations in the Euler angles: 

  
                            

      

      
             ; 

  
  

      
                                             

     
                          

                                 
               

                                           (5.8) 
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Figure 5.6: Articulation mechanism and the coordinate systems  

 

Assuming linear roll and pitch stiffness,    
and    

, respectively, the constraint moments 

acting on the front unit are derived as: 
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              (5.9) 

where Zcf and Zcr are the vertical distances between the articulation joint and the cg of the 

front and rear unit, respectively, and Lf2 is the longitudinal distance between the front unit 

cg and the articulation joint, as shown in Fig. 5.2. The moments acting on the rear unit, 

    
 and     

, are derived in a similar manner using transformation matrices relating 

(           ) and (           ) axis systems. 

Tire forces: 

a. Vertical forces 

The vertical force developed by each tire is obtained considering linear stiffness and a 

non-linear point-contact model, such that: 

    
     

                               (5.10) 

where    
 is the vertical stiffness of tire l and                is the total vertical 

deflection of tire l.    and     
are the vertical dynamic and static deflections of tire l, and 

    is the terrain elevation at the tire-terrain contact point. The dynamic vertical deflection 

of each tire    is obtained considering the roll and pitch motions of the unit to which it is 

attached. 

b. Lateral forces 

The lateral force developed by an off-road vehicle tire is nonlinearly dependent upon the 

side-slip angles and the normal load. Furthermore, the lateral force exhibits a tire lag. A 

first-order tire dynamic model, described in [118,224], is applied to derive the lateral 

force developed by each tire     
(l= 1,…, 4), such that: 

   
     

        
         

   
                                        (5.11) 
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where    
   

 is the cornering coefficient of tire l, which decreases with increasing 

normal load     
. The relaxation time    

 directly relates to relaxation length    
 and the 

forward speed of the wheel,     
, such that:    

    
    

 . The tire slip angle     can be 

derived as the ratio of the lateral and longitudinal velocity,     
and     

, at the tire-terrain 

contact point, such that: 

    
    

    

                            (5.12) 

The lateral and longitudinal velocity of each tire is obtained considering the yaw, roll and 

pitch motions of the unit to which it is attached. 

Steering strut forces and moments: 

The forces and moments developed by the frame steering system are dependent upon the 

kineto-dynamics of the struts together with dynamics of the vehicle units.The forces and 

moments imposed on each unit were derived from the kineto-dynamic model of the frame 

steering mechanism, presented in [235]. The model incorporates the kinematic motions of 

the right- and left-steering struts, hydraulic flows through the struts and the steering valve 

flows, as shown in Fig. 5.7. The forces developed by the left- and right-struts, FL and FR, 

are derived from the fluid pressures in the piston- and rod-side chambers of each strut, P1 

and P2, and the effective working area of the struts, such that: 

rpRrpL APAPFAPAPF 1221 ; 
                    (5.13) 

where Ap and Ar are cross-section areas on the piston- and the rod-side of the strut, 

respectively. The fluid pressures are derived from the flow continuity equations 

considering the flow rate through the steering valve and the leakage flows through the 

piston seals, QL = KL (P1 - P2), where KL is the leakage coefficient: 
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                          (5.14) 

where   and    are the flow rates to and from the struts, respectively, normalized with 

respect to maximum valve flow rate, Qmax. B is the fluid bulk modulus, and VL1, VL1, VR2 

and VR2 define the instantaneous fluid volumes in the piston- and rod-side chambers of 

the left and right struts, as shown in Fig. 5.7.   
  and   

  are the velocities of the left- and 

right-struts, respectively, obtained from the kinematic expressions relating lateral and 

yaw motions of the two units [235]. The fluid flow through the valve is related to the 

steering wheel input θsw and the articulation angle φ in a closed-loop manner, the valve 

stem displacement XV and the valve flow characteristics, Fig. 5.7(b), as: 

Right Turn

Steering 

Wheel

Xv

Pump

Storage

Directional valve 

Left cylinder

Right cylinder

P2

Q2

P1

Q1

d

FL

FR

θsw

P1

P2P2

P2

P1

Q1

Q2

VL1

VL2 VR2

VR1



maxVX

VX

maxVX

char

char

(b)

(a)

 

Figure 5.7: (a) Schematic of the hydraulic steering system for a right turn; and (b) 

Relationship between the valve spool displacement and the articulation error. 
 



163 

 

   
     

     

                                                                           

                                                                           (5.15) 

In the above equation,       is maximum valve stem displacement,           is 

the articulation error, K1 is the steering gain and δchar is the characteristic articulation 

angle error corresponding to       or valve flow saturation , as shown in Fig. 5.7(b). 

The resultant steering strut forces can be subsequently derived as:  

     
                  ;       

                    

     
                   ;             

                            (5.16) 

The steering torques acting on the front and rear units, (     
      

      
), are obtained 

from the strut forces in the following manner: 

     
          

 ;                 
         

                                 

     
                                           

     
                                                          (5.17) 

where angles (α1, α2) and (β1, β2) are the instantaneous yaw angles of the left and right 

strut with respect to longitudinal axes of front and rear units, respectively, as shown in 

Fig. 3(b) and         and      are the geometric parameters of the frame steering 

mechanism shown in Figs. 5.2 and 5.3. 

5.3 Method of Analysis 

The equations of motion for the unsuspended and suspended vehicle models are solved to 

determine the vehicle ride under terrain excitations, and yaw/roll responses to steady and 

transient steering inputs. A small size articulated dump truck with and without the load is 

considered, whose simulation parameters are summarized in Table 5.1, which were 

mostly obtained from manufacturer specifications and personal communications [197]. 
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The ride, yaw and roll response measures are defined to evaluate the influences of 

selected design and operating parameters, including the rear-axle suspension and steering 

system parameters, and vehicle load.  

 

Ride Response Analysis 

The ride responses are evaluated in terms of root mean square (rms) and power spectral 

density (PSD) of translational and rotational accelerations at the operator seat location in 

the absence of a steering input considering roughness profiles of two tracks of a plowed 

field and constant forward speed of 30 km/h. The frequency weighting defined in ISO-

2631-1 [3] are applied to determine the whole body vibration exposure of the operator in 

terms of frequency-weighted rms accelerations due to ride vibration responses. These 

include Wk-weighting for vertical, Wd-weighting for lateral and We-weighting for 

rotational accelerations. The responses along the fore-aft axis, however, were not 

attempted due to lack of consideration of the tire-terrain interactions in the fore-aft 

direction by the non-linear point contact tire model. The roughness profiles of the right- 

and left-tire tracks of the plowed field were obtained from the reported model [114]: 

         
                                         (5.18) 

where    is spatial PSD of the terrain roughness,   is the spatial frequency, and    

         and       are the roughness coefficient and waviness constant, 

respectively. The above regression model was described by a frequency response 

function,     , which permits a synthesis of time-history of the roughness profile, when 

convolved with a white-noise random signal, r(t) [232]. The roughness profiles of the two 

tire-tracks were subsequently estimated assuming the coherency between the two tracks, 

   
      of following form, using the method described in [232] and shown in Fig. 5.8: 
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         (5.19) 

where    
     is the coherence between the left- and right-tracks of the terrain, z0L(t) and 

z0R(t), and ω1 is the transition frequency, which was taken as 1 Hz for the off-road terrain. 

Figures 5.9(a) to 5.9(c) illustrate time histories of roughness of the left- and right-tracks 

of the plowed field considering a forward speed of 30km/h and the corresponding roll 

displacement, respectively.  
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Figure 5.8: Method used to synthesize the roughness time-histories of the two terrain 

tracks considering coherency between the two. 

 

 
Figure 5.9: Time histories of (a) left track roughness; and (b) right track roughness; and 

(c) roll displacement (U=30km/h). 
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Static and Dynamic Roll Response Analyses 

 

The roll stability limits of the ASVs can be evaluated in terms of static and dynamic 

measures commonly used to describe relative roll stability of articulated heavy road 

vehicles [170,180-183]. Owing to significantly higher inertia of the rear unit of the 

loaded dump truck, the relative roll instability of the ASV is identified on the basis of the 

lateral load transfer ratio (LTR) of the rear axle. Relative roll instability can also be 

characterized in terms of the Roll Safety Factor (RSF) of the rear axle, which is similar to 

the LTR and expressed as [190]: 

     
           

           
                      (5.20) 

The vehicle is considered to approach its relative roll instability limit when LTR or 

RSF value approaches ±1, as one of rear wheel lifts off the ground under a steering input. 

The RSF can be applied to determine both the static and dynamic rollover thresholds of 

the ASV. The static rollover threshold (SRT) refers to the relative roll stability limit, 

expressed in terms of lateral acceleration, under a constant-speed steady turning 

maneuver, idealized by a ramp-step steering input shown in Fig. 5.10(a), when the RSF 

approaches unity value.  

The roll response of the vehicle combination, however, is known to depend upon the 

steering frequency [170]. The dynamic rollover threshold (DRT is thus obtained from the 

RSF response to a path-change type of maneuver, idealized by a single-sinusoid steering 

input at 0.25 Hz, as shown in Fig. 5.10(b). For the purpose of determining SRT and DRT, 

the simulations are initiated at a relatively low speed of 5 km/h and the RSF response to 

the chosen steering input is computed. The speed is gradually increased until the relative 

roll instability is identified on the basis of the RSF. The vehicle responses corresponding 
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to the final speed are subsequently analyzed to drive the SRT and DRT accelerations of 

the ASV [190,238]. 

Table 5.1: Simulation parameters [197] 

Vehicle (Front Unit) 

Parameter Value Parameter Value Parameter Value 

msf 4200kg Lf1 0.08 m Zcf 0.04 m 

IXXsf   2329 kg.m
2
 Lf2 1.48 m Hsf 1.0765m 

IYYsf 3739 kg.m
2
 f 0.087m ZHf 0.15 m 

IZZsf 3813 kg.m
2
 lx 0.85m Ky 0.65 

Tw 0.95 m a 0.285 m KTi (i=1,...,4) 800kN/m 

Rw 0.65 m b 1.39 m By 6 rad
-1

 

σy 0.60m h´
 

0.49 m   

Vehicle (Rear Unit - Loaded) 

msr(unsuspended) 13450kg IXXL 50 kg.m
2
 h2 0.15m 

msr (suspended) 12500kg Zcr 0.87m Kθy 5000KN/rad 

IXXsr (nsuspended) 9655 kg.m
2
 ZHr 1.00m Kφx 1000KN/rad 

IXXsr (suspended) 8650kg.m
2
 Hsr 1.906m kz  150kN/m 

IYYsr 12655kg.m
2
 d 0.203m ky 200kN/m 

IZZsr 11905 kg.m
2
 Lr1 0.665m kt 125KN/rad 

mu 1050 kg Lr2 0.872m cz  4000N.m/s 

IXXu 1100 kg.m
2
 L0 0.16m cy 4000N.m/s 

mR 50kg L1 0.40m ct 3500N.m/s 

IXXR 50 kg.m
2
 c 0.25m   

mL 50kg h1 1.34m   

Vehicle (Rear Unit - Unloaded) 

msr(Un-suspended) 3450kg IZZsr 3087 kg.m
2
 Lr1 1.16m 

msr(Suspended) 2500kg Zcr 0.1423m Lr2 0.38m 

IXXsr (Un-suspended) 2331 kg.m
2
 ZHr 0.2513m H 1.40m 

IXXsr (Suspended) 2000kg.m
2
 Hsr 1.1763m h1 0.5663m 

IYYsr 2822kg.m
2
 hs 0.5063m D 0.50m 

 

SRT is defined as the magnitude of lateral acceleration of the rear unit under the 

steady turning maneuver, when the vehicle approaches the relative roll instability 

condition (     1). The DRT of the vehicle is expressed as the effective lateral 

acceleration (ELA) of the vehicle subject to a path-change type of maneuver, given by 

[190]: 

    
                               

                    
        (5.21) 

where    ,    and    are the instantaneous cg heights of the front unit, rear unit and rear 
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axle (for the suspended vehicle model), respectively.     ,      and     are the lateral 

accelerations experienced by the sprung masses and rear unsprung mass, when       .  

Critical Speed and Yaw Response Analyses 

Articulated vehicles also exhibit frequency-dependent rearward amplification (RA) of the 

yaw velocity response under path-change type of steering maneuvers. The RA describes 

the amplification or attenuation of the yaw response of the rear unit with respect to the 

lead unit, such that: 

    
         

         
            (5.22) 

where           and           are the peak yaw velocity responses of the rear and the front 

units, respectively. A greater value of RA suggests greater yaw oscillations of the rear unit 

and potential yaw instability.  

 
Figure 5.10: (a) Steering wheel input corresponding to a steady-turn (ramp-step) input; 

and (b) a path-change maneuver, idealized by a sinusoid. 

 

The yaw or snaking stability limit of the ASV is also evaluated from the rate of decay 

of the articulation angle response under a pulse steering input, as described in [235]. The 

oscillatory articulation response is described by an exponential function of the 

form:       
  , where    is a constant and ρ represents the rate of decay. A positive 

value of ρ indicates a diverging response or snaking instability of the vehicle. The speed 
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at which ρ approaches a positive value (ρ > 0) is denoted as the critical speed attributed to 

snaking tendency of the vehicle.  

5.4 Results and Discussions  

5.4.1 Model validations 

The validity of the three-dimension vehicle model was examined on the basis of: (i) 

the measured ride vibration data obtained from field-tests performed on an articulated 

forestry skidder with and without the torsio-elastic suspension operating at a speed 

around 5km/h [22]; and (ii) the available measured steering strut responses of an 

articulated dump truck in terms of pressure differences and piston travel under a 90º 

right-hand turn maneuver [197]. The simulations were thus initially performed 

considering the parameters of the forestry skidder without the load and the corresponding 

terrain roughness of the two parallel tracks of the forestry terrain [232]. Figure 5.11 

compares the PSD of acceleration responses of the suspended and unsuspended forestry 

skidder models along the vertical, lateral, yaw, pitch and roll axes at the operator seat 

location with the corresponding measured acceleration spectra. Reasonably good 

agreements between the model results and the measured data are obtained for both the 

suspended and unsuspended vehicles. Some deviations, however, are evident, which are 

likely caused by various simplifying assumptions, particularly the constant forward speed 

and linear properties of tires and suspension, and lack of consideration of terrain 

deformations and precise terrain roughness. The results show pitch and vertical mode 

resonance frequencies near 1 and 2 Hz, while the predominant lateral and roll vibration 

occur at frequencies near 0.9 Hz and above 2.5Hz, suggesting coupling between the 

lateral and roll modes.  
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Figure 5.11: Comparisons of vertical, lateral, pitch and roll acceleration PSD responses of 

vehicle models with spectra of the measured acceleration data at a forward speed of 5 

km/h: (a) unsuspended vehicle; and (b) vehicle with rear axle torsio-elastic suspension. 
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unsuspended and suspended skidder models are further computed with those derived 

from the measured data in Table 5.2. The results suggest good agreements between the 

rms accelerations of both the vehicle models and the measured data, particularly for the 

lateral, roll and pitch rms accelerations. Slightly higher deviations, however, are observed 

in the vertical rms acceleration. The rms of the measured vertical accelerations of both 

the unsuspended and suspended vehicles are consistently lower compared to the model 

results, which may be partly attributed to the undeformable terrain and point-contact tire 

model considered in the study. The model results suggest that the three-dimensional 

model can effectively predict the ride dynamic responses of ASVs, and can serve as a tool 

to seek desirable suspension design parameters for limiting the WBV exposure of the 

drivers.  

Table 5.2: Comparisons of unweighted and frequency-weighted rms acceleration 

responses of the model with those obtained from the measured data [22] 

Unsuspended 
Unweighted rms acceleration 

 (m/s
2
 or rad/s

2
) 

Frequency-weighted rms acceleration  

(m/s
2
 or rad/s

2
) 

Vertical Lateral Pitch Roll Vertical Lateral Pitch Roll 

Model 2.05 1.66 0.63 1.13 1.24 1.44 0.42 0.76 

Measured 1.83 1.79 0.70 1.10 1.12 1.52 0.46 0.75 

Deviation (%) 12.0 -7.3 -10.0 2.7 10.7 -5.3 -8.7 1.3 

Suspended Vertical Lateral Pitch Roll Vertical Lateral Pitch Roll 

Model 1.08 1.26 0.78 0.94 0.67 1.03 0.41 0.47 

Measured 1.00 1.30 0.82 0.87 0.62 1.07 0.43 0.44 

Deviation (%) 8.0 -3.1 -4.9 8.0 8.1 -3.7 -4.7 6.8 

 

The available steering struts response data for an unloaded articulated dump truck 

permitted only limited validation of the three-dimensional model, particularly the kineto-

dynamic steering system model. The simulations results were obtained under the steering 

input used during the measurements [197], i.e., a 90º right-hand turn applied at t=20s, 

while operating on a smooth road at a forward speed of 15 km/h. The simulation results 

are compared with available field-measured data in terms of pressure difference across 
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the strut piston (P1- P2) and the left piston travel (XL), respectively, in Figs. 5.12(a) and 

5.12(b). The comparisons show reasonably good agreements of the model responses with 

the limited available measured data, although some discrepancies between the two are 

also evident, which are mostly attributed to corrective steering, steering system 

compliance, and contributions of the terrain roughness. The simulation results show that 

both the pressure difference and the strut deflection responses increase rapidly with 

application of steering wheel input at about t=20s and decrease as the steering wheel 

input diminishes.  

 
Figure 5.12: Comparisons of pressure difference and piston travel responses of the left 

steering strut derived from vehicle model with the measured data: (a) pressure difference; 

and (b) piston travel (90-degrees right-hand turn; speed=15 km/h) 

 

5.4.2 Ride dynamics responses of the articulated dump truck 

The validated model together with simulation parameters of the articulated dump truck is 

used to determine the ride and directional dynamic responses under the chosen terrain 

and steering inputs. The PSD of acceleration responses along the vertical, lateral, pitch, 

roll and yaw axes at the seat location of the unsuspended and suspended vehicle models 

are compared in Fig. 5.13. The results are obtained considering constant forward speed of 

30 km/h and terrain excitations described in Fig. 5.9. The vertical and pitch response 

spectra of the unsuspended vehicle show peaks near 2.2 and 0.85 Hz, which are the 
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respective resonance frequencies. A study of responses obtained by varying tire lateral 

stiffness suggested roll, lateral and yaw mode resonances near 0.875, 3.125 and 4.75 Hz, 

respectively. The roll, lateral and yaw responses of the vehicle model with rear axle 

suspension suggest even stronger coupling with peaks near 0.7, 1-1.25, 1.625 and 3.175 

Hz.  

 
Figure 5.13: Comparisons of PSD of vertical, lateral, pitch, roll, and yaw acceleration 

responses of the unsuspended and suspended articulated dump truck models (speed = 30 

km/h). 
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The addition of rear axle suspension resulted in relatively lower pitch mode frequency 

near 0.63 Hz but comparable vertical mode frequency near 2.2 Hz. The suspended 

vehicle also yields relatively lower roll and yaw mode frequencies. It should be noted that 

the ride dynamics of the unsuspended front unit contributes strongly to ride responses 

near the operator seat, particularly around 2.2 Hz and 3.175 Hz. The responses, however, 

show additional peaks near the above noted frequencies, which can be attributed to 

resonance frequencies of the rear suspended unit. The results suggest that the vehicle 

model with suspended rear unit yields lower vertical response at frequencies above 3 Hz, 

while the pitch acceleration is lower in the 0.75-2.2 Hz range and above 2.5 Hz. The 

lateral, yaw and roll acceleration responses of the ASV with suspended rear unit are 

considerably lower at frequencies above 2 Hz compared to the unsuspended ASV model, 

while the magnitudes at lower frequencies are generally higher.  

The potential ride performance benefits of the rear-axle suspension are subsequently 

evaluated from the unweighted and frequency-weighted rms acceleration responses at the 

driver seat location in accordance with ISO-2631-1[3]. Table 5.3 compares the Wk-

weighted vertical, Wd-weighted lateral, and We-weighted roll, pitch and yaw rms 

acceleration responses of the unsuspended and suspended ASV models under the loaded 

condition. The results suggest that implementation of the torsio-elastic rear axle 

suspension could significantly reduce the vibration exposure of the operators in all the 

directions. The suspended vehicle model yields 36, 22, 21, 54 and 37%  reductions in the 

frequency-weighted lateral, vertical, roll, pitch and yaw vibration exposures, respectively, 

compared to the unsuspended vehicle model, when loaded. Compared to the relative 

benefits of the suspension observed for the articulated forestry skidder model (Table 5.2), 
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the ride benefits for the dump truck model are relatively smaller in all directions, except 

in pitch. This can be partly attributed to a number of vehicle design factors. Unlike the 

skidder, the operator seat in a dump truck is located ahead of the front unit axle, which 

yields greater contribution of pitch and yaw motions to vertical and lateral acceleration 

responses, respectively. Higher cg height of the dump truck compared to the skidder 

would also cause higher vertical, roll and lateral acceleration responses. Furthermore, the 

torsio-elastic suspension retrofitted to the skidder was adequately tuned considering the 

load distributions. 

Table 5.3: Comparisons of frequency-weighted and unweighted rms translational (m/s
2
) 

and rotational (rad/s
2
) acceleration responses near the driver seat location of the 

unsuspended and suspended ASV models.  

Vehicle 

Model 

rms Acceleration 

Vertical Lateral Pitch Roll Yaw 

Unweighted 
Unsuspended 1.62 1.32 1.08 0.77 0.90 

Suspended  1.25 0.81 0.56 0.46 0.54 

Frequency-

Weighted 

Unsuspended 0.93 0.85 0.56 0.34 0.30 

Suspended  0.73 0.54 0.26 0.27 0.19 

 

5.4.3 Roll and yaw stability analysis of articulated dump truck 

The transient yaw and roll responses of the suspended and unsuspended vehicle models 

are obtained under the idealized path-change maneuver, shown in Fig. 5.10(b), at a 

constant forward speed of 30km/h on a perfectly smooth road surface. The time histories 

of the roll safety factor (RSF), roll angle, lateral acceleration and yaw velocity responses 

of the front and rear unit of the loaded dump truck are shown in Figs. 5.14(a) and (b), 

respectively. The results illustrate relatively higher load transfer at the rear unit axle, 

which is attributed to higher cg and load of the rear unit of the loaded dump truck. The 

load transfer is even greater for the suspended rear unit compared to the unsuspended 

unit, as it would be expected. The suspended vehicle also yields higher roll response of 
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both the units compared to the unsuspended vehicle model, which is attributable to lower 

effective roll stiffness of the suspended vehicle. This is also evident from the lateral 

acceleration and yaw velocity responses, where the suspended vehicle shows higher peak 

values for both the front and rear units compared to the unsuspended vehicle. The yaw 

velocity responses also show only slight rearward yaw amplification (RA) tendency of 

the suspended vehicle. At the forward speed of 30 km/h, considered in the study, the 

suspended vehicle revealed peak RA of nearly 1.01, while that the unsuspended vehicle is 

in the order of 0.96 (Table 5.4). 

The articulation angle responses of the suspended and unsuspended vehicle models 

are further evaluated under a pulse steering input applied at different speeds up to 120 

km/h. The oscillatory articulation angel responses are analyzed to identify the rate of 

decay ρ to study the effect of suspension on the critical velocity associated with the 

snaking instability. Figure 5.15 presents the snaking mode diagrams of the suspended and 

unsuspended vehicle models, illustrating variations in ρ with the vehicle speed. The 

results suggest lightly damped snaking mode at low forward speeds. The rate of decay of 

oscillations increases with speed up to 45km/h and increases with speed above 45km/h 

for the both the unsuspended and suspended vehicles. At higher speeds, the rate of decay 

approaches a positive vale (ρ >0), suggesting a snaking instability. The speed 

corresponding to ρ=0 is denoted as the critical speed, Vcrit, associated with snaking 

instability of the vehicle, which are summarized in Table 5.4. The results show that the 

Vcrit of the suspended vehicle (72km/h) is lower than that of the unsuspended vehicle 

(81km/h). These are lower than 90km/h earlier study that considered a three-DOF yaw 
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plane model of the vehicle [235]. The observed difference is attributable to 

considerations of the suspension and roll motions of the vehicle units in the present study. 

 
Figure 5.14: Comparisons of RSF, roll angle and lateral acceleration responses of 

unsuspended and suspended articulated dump truck models subject to the idealized path-

change maneuver at a forward speed of 30 km/h: (a) front unit; and (b) rear unit. 
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Figure 5.15: Snaking mode diagrams of the suspended and unsuspended vehicle models 

 

The static and dynamic roll stability characteristics of the suspended and unsuspended 

vehicle models are subsequently evaluated under the steady (ramp-step) and path-change 

maneuvers at varying forward speeds, respectively. The static rollover thresholds (SRT) 

of the models are taken as the lateral accelerations corresponding to the speed when the 

vehicle approaches the relative roll instability (RSF=±1). Similarly, the DRT is taken as 

the effective lateral acceleration (ELA) when the vehicle approaches relative roll 

instability under the path-change maneuver. Both the SRT and DRT of the suspended 

vehicle model are lower than those of the unsuspended vehicle model, as seen in Table 

5.4. The SRT and DRT of the vehicle model with torsio-elastic suspension are nearly 

10.1% and 9.4% lower than those of the unsuspended vehicle, respectively. These 

suggest that addition of the rear-axle suspension yields relatively small reductions in  the 

roll stability limits of the vehicle, which is attributable to relatively higher roll stiffness of 

the torsio-elastic suspension. The results also show that the DRT of the vehicle models 

are lower compared to the SRT, suggesting relatively lower dynamic roll stability limits 
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unsuspended and suspended vehicle models. These suggest that SRT could also provide a 

-2.5

-2

-1.5

-1

-0.5

0

0.5

1

0 15 30 45 60 75 90 105 120

D
ec

ay
 R

at
e 

(ρ
)

Forward Speed (km/h)

Unsuspended Suspended



179 

 

reasonable estimation of the dynamic rollover propensity of the vehicle. The difference 

between the SRT and DRT values, however, is smaller for the suspended vehicle 

compared to the unsuspended vehicle.  

Table 5.4 Static (SRT) and dynamic (DRT) rollover thresholds, yaw velocity rearward 

amplification ratios (RA) and snaking mode critical speeds (Vcrit) of the unsuspended and 

suspended vehicle models 

Steady Turning Path-change 

 SRT(g) DRT(g) RA Vcrit 

Unsuspended 0.424 0.393 0.96 81 

Suspended 0.381 0.356 1.01 72 

 

5.4.4 Effect of terrain roughness on roll and yaw directional stability 

The directional response characteristics and stability limits of heavy vehicles are 

generally evaluated considering smooth road surface. The tires interactions with rough 

terrains could yield greater vehicle roll and lateral load transfer responses, and thereby 

affect the roll as well as yaw stability limits in a highly adverse manner. The simulations 

are performed under the steady and path-change steering inputs (Fig. 5.10) in the 

presence of tire interactions with the rough terrain (Fig. 5.9).  The simulation results are 

analyzed to establish the effect of terrain roughness on the yaw and roll stability measures 

(RA, Vcrit, SRT and DRT), which are summarized in Table 5.5. The results clearly show 

considerably lower roll and yaw stability limits in the presence of tires interactions with 

the rough terrain. The SRT of the unsuspended and suspended vehicle models decrease 

by about 15% and 12%, respectively, when the terrain profile is considered. The 

respective DRT values are around 11% and 8% lower. The critical speed also decreased 

from 81 to 72 km/h for the unsuspended vehicle and from 72 to 65km/h for the suspended 

vehicle, while the RA values increased in the presence of terrain roughness. The results 

thus suggest greater snaking tendency of the vehicle on rough terrains, and relatively 
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lower sensitivity of the suspended vehicle to terrain roughness.  

Table 5.5 Influence of road elevation on the roll and yaw stability measures of the vehicle 

models. 

Vehicle 

model 

Road 

condition 

Roll stability Yaw stability 

SRT DRT RA Vcrit (km/h) 

Unsuspended 
Smooth 0.424 0.393 0.96 81 

Plowed-field  0.360 0.350 1.02 72 

Suspended 
Smooth 0.381 0.356 1.01 72 

Plowed-field 0.336 0.326 1.07 65 

 

5.4.5 Effect of vehicle load on ride and yaw/roll responses 

The ASVs generally encounter wide variations in vehicle load during a work cycle, 

which could significantly affect the ride performance and roll/yaw stability limits. The 

simulations were thus performed for the unloaded and fully loaded suspended and 

unsuspended vehicles under identical steering inputs at 30km/h, and the results are 

analyzed to evaluate the effect of load on ride, and yaw and roll stability limits. Table 5.6 

summarizes the frequency-weighted rms accelerations, and roll and yaw stability limits of 

loaded and unloaded vehicle models. The results show significantly higher frequency-

weighted rms accelerations and lower stability limits of the loaded unsuspended vehicle 

compared to the unloaded vehicle. The ride vibration exposure tends to be substantially 

higher along all the axes for the loaded vehicle due to greater inertia and cg height. The 

frequency-weighted vertical, lateral, pitch, roll and yaw rms accelerations of the loaded 

vehicle are nearly 36%, 29%, 70%, 55% and 30% higher than those for the unloaded 

vehicle. The suspended vehicle, however, shows substantially lower sensitivity to vehicle 

load in the context of vehicle ride performance. The weighted acceleration responses of 

the loaded suspended vehicle are either comparable or slightly lower than those of the 

unloaded vehicle along all the translational and rotational axes, which suggests beneficial 
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kinematic advantage of the torsio-elastic suspension.  

Table 5.6: Influence of variations in vehicle load on the frequency-weighted rms 

acceleration responses, static (SRT) and dynamic (DRT) rollover thresholds, rearward 

amplification ratio (RA), and snaking mode critical speed (Vcrit)  

Model Load  
rms acceleration (m/s

2
 or rad/s

2)
 

SRT (g) DRT (g) RA Vcrit (km/h) 
Vertical Lateral Pitch Roll Yaw 

U
n

su
sp

en
d

ed
 

No-load 0.68 0.66 0.33 0.22 0.23 0.501 0.457 0.89 95 

Loaded 0.93 0.85 0.56 0.34 0.30 0.360 0.350 1.02 72 

S
u

sp
en

d
ed

  

No-load 0.76 0.59 0.23 0.30 0.16 0.434 0.401 0.95 83 

Loaded 0.73 0.54 0.26 0.27 0.19 0.336 0.326 1.07 65 

 

Owing to the higher load and cg height, the yaw and roll stability limits of the loaded 

vehicle are substantially lower than those of the unloaded vehicle, as seen in Table 5.6. 

For the unsuspended model, the loaded vehicle yields 28% and 23% lower values of the 

SRT and DRT, respectively, compared to the unloaded vehicle. The corresponding 

reductions for the suspended vehicle are 23% and 19%.  Addition of load also caused the 

rear unit cg to shift closer to the articulation joint, which further contributed to reduced 

snaking and yaw stability limits [30]. This is evident from the lower Vcrit and higher RA 

of loaded vehicle (Table 5.6). The Vcrit of the unloaded suspended and unsuspended 

vehicle models increased to 83 and 95km/h, respectively, compared to 65 and 72km/h for 

the loaded vehicles.  

5.4.6 Effect of suspension parameters on ride and yaw/roll responses 

Apart from the vehicle load and terrain roughness, the ride and directional dynamic 

performance of a vehicle are strongly affected by the suspension design parameters. The 

load carrying capacity, ride and directional performances, however, impose conflicting 
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requirements on the suspension design. The influences of variations in the suspension 

design parameters on the ride and yaw/roll stability measures are investigated. The results 

could provide important suspension design guidance to realize a better compromise 

among the ride and roll/yaw stability performance measures of the vehicle. Simulations 

are performed considering full vehicle load, roughness profiles of the two parallel terrain 

tracks and forward speed of 30 km/h. Influences of variations in different suspension 

parameters are considered. These include: the suspension stiffness (ky, kz, kt) and damping 

(cy, cz, ct) constants of the torsion bars, and length of link (L0) coupling the sprung and 

unsprung masses. The stiffness and damping constants are varied by ±50% about the 

nominal value, while the variation in the link length is limited to ±25%. The vehicle track 

width, however, is held constant, irrespective of the link length.  

Table 5.7 summarizes the influences of variations in above-stated suspension 

parameters on: (i) the ride performance expressed in terms of frequency-weighted rms 

accelerations at driver seat location; and (ii) roll and yaw stability measures in terms of 

SRT, DRT, RA and Vcrit. The results revealed that increase in the vertical stiffness, which 

causes higher pitch and vertical mode resonance frequencies, resulted in higher 

frequency-weighted vertical and pitch rms accelerations. The results suggest that 

reducing the vertical suspension stiffness (kz) yields 5.5% and 15% reductions in 

frequency-weighted vertical and pitch rms accelerations, respectively, while the effects 

on yaw, roll and lateral accelerations are very small. These suggest relatively weak 

coupling of the vertical mode with the roll and lateral modes of the vehicle. Reducing the 

torsio-elastic vertical suspension stiffness also yields relatively small effects on the roll 

and yaw stability measures. While the SRT value decreases by 3.3%, the corresponding 
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changes in dynamic stability measures (DRT, RA and Vcrit) are within 1.5%, where the 

lateral and torsional suspension stiffness plays an important role. Increasing the vertical 

stiffness by 50%, however, could yield 5% higher SRT coupled with considerably higher 

pitch and vertical accelerations.  

Table 5.7: Influence of variations in the torsio-elastic suspension properties on the 

frequency-weighted rms acceleration responses, static (SRT) and dynamic (DRT) 

rollover thresholds, rearward amplification ratio (RA), and snaking mode critical speed 

(Vcrit)  

Parameters 
rms acceleration (m/s

2
 or rad/s

2
) 

SRT(g) DRT(g) RA Vcrit(km/h) 

Vertical Lateral Pitch Roll Yaw 

Nominal value  0.73 0.54 0.26 0.27 0.19 0.336 0.326 1.07 65 

kz 
-50% 0.69 0.53 0.22 0.26 0.17 0.325 0.324 1.08 64 

+50% 0.77 0.55 0.30 0.28 0.18 0.353 0.327 1.06 67 

ky 
-50% 0.73 0.63 0.26 0.30 0.22 0.332 0.323 1.10 60 

+50% 0.74 0.47 0.26 0.26 0.17 0.340 0.328 1.04 69 

kt 
-50% 0.73 0.56 0.26 0.32 0.19 0.304 0.305 1.09 62 

+50% 0.73 0.52 0.26 0.21 0.18 0.361 0.347 1.04 69 

cz 
-50%   0.74 0.55 0.29  0.28 0.19 0.335 0.326 1.07 65 

+50%   0.73 0.53 0.23  0.27 0.19 0.336 0.326 1.07 65 

cy 
-50% 0.73 0.56 0.26 0.29 0.19 0.336 0.330 1.06 66 

+50% 0.73 0.52 0.26 0.25 0.18 0.336 0.322 1.08 64 

ct 
-50% 0.73 0.56 0.26 0.30 0.20 0.337 0.326 1.07 65 

+50% 0.73 0.53 0.26 0.25 0.18 0.335 0.326 1.07 65 

L0 
-25% 0.73 0.56 0.26 0.29 0.19 0.339 0.326 1.07 66 

+25% 0.72 0.50 0.27 0.21 0.19 0.333 0.326 1.08 63 

 

Reducing the lateral stiffness (ky) yields notably lower yaw stability measures, while 

the effects on roll stability measures are very small, within 1.2%. The Vcrit and RA 

decrease by 7.7%  and 2.8%, respectively. The variations in ky affects only the lateral, roll 

and yaw accelerations, which increase by 16.7, 11.1 and 15.8%, respectively. The 

increase accelerations is mostly attributed to lower resonance frequencies and higher 

magnitudes of Wd- and We-weighting in the lower frequency range. Reductions in the 

torsional stiffness (kt), on the other hand, yields lower mode frequency and thereby 

considerably higher We-weighted roll acceleration (18.5%).  Relatively small effect is 
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also observed on the lateral acceleration, which is due to coupling between the roll and 

lateral modes. Lower value of kt, however, reveals most detrimental effect on the SRT 

and DRT, in the order of 10.1 and 6.4%, respectively. The Vcrit also decreases notably by 

4.6%, while the effect on RA is small. 

The torsio-elastic suspension yields only minimal suspension damping attributed to 

hysteretic damping of the elastic torsion bars. Increasing the damping constants by 50% 

revealed nearly negligible changes on all of the ride and stability measures. Higher 

damping in the lateral and torsion modes (cy, ct), however, resulted in slightly lower 

magnitudes of lateral and roll accelerations, while higher vertical damping (cz) caused 

lower pitch and vertical accelerations.  An increase in cy, however, resulted in slightly 

higher DRT and Vcrit.   

Apart from the torsion bars properties, the suspension kinematics could also affect the 

vehicle performance. The kinematic effect in this study is considered by varying the 

length of the suspension link (L0), which would alter the suspension spring track and thus 

the effective roll stiffness. The results show that increasing L0 yields nearly negligible to 

very small effects on the roll and yaw stability measures, even though the effective roll 

stiffness would be lower. This suggests that the stability measures are more strongly 

affected by torsional stiffness of the suspension, which is also evident from the results in 

table 5.7. An increase in L0, however, yields substantially lower weighted roll 

acceleration, in the order of 22%, while the effects on vertical, yaw, and pitch responses 

are relatively small.  

The results in Table 5.7 suggest that the static rollover threshold of the vehicle is 

more sensitive to variations in kz and kt, while the DRT and Vcrit exhibit greater sensitivity 
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to ky and kt. Higher vertical stiffness could help realize greater yaw and roll stability at the 

expense of poor ride along all the axis, particularly along the vertical and pitch axis. A 

higher lateral stiffness could yield higher yaw stability limits coupled with moderate 

gains in SRT and DRT, and lateral and roll accelerations. Higher torsional stiffness, on 

the other hand, could yield roll stability measures (SRT and DRT) quite similar to those 

of the unsuspended vehicle coupled with higher RA and Vcrit. Furthermore, higher 

torsional stiffness yields beneficial effect on the lateral and roll accelerations, and no 

effect on the vertical and pitch ride. A suspension design with higher lateral and torsional 

stiffness is thus expected to provide an improved compromise among the ride 

performance, and yaw and roll directional stability measures of the articulated dump 

truck. 

5.5 Conclusions  
 

A comprehensive 3-dimensional articulated steer vehicle model was formulated and 

validated, which was then employed for vehicle ride and handling dynamics, and stability 

analyses under different driving scenarios. Articulated steer vehicles with and without a 

rear-axle torsio-elastic suspension were analyzed. The use of the rear-axle torsio-elastic 

suspension revealed substantial ride performance benefits but relatively lower yaw and 

roll stability limits. From the parametric sensitivity analyses, it is concluded that the 

suspension design with greater lateral and torsional stiffness could yield roll and yaw 

stability limits similar to those of the unsuspended dump truck, while retaining the ride 

performance benefits of the torsio-elastic suspension. Furthermore, the suspended vehicle 

showed very low sensitivity to variations in vehicle load in view of the ride performance. 

The loaded vehicle, however, revealed considerably lower yaw and roll stability limits, 
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attributed to higher inertia, cg height and shifting of the rear unit cg closer to the 

articulation joint. Furthermore, the tire interactions with the rough terrain affected the 

stability limits in a highly adverse manner.  It is thus concluded that the directional 

performance analyses of ASVs, which operate on both the paved and unpaved surfaces, 

need to be evaluated under representative terrain excitations. The yaw and roll stability 

limits, obtained in this study, however, may be considered conservative when operating 

on deformable terrains. The results further showed that the dynamic rollover threshold of 

the vehicle is less sensitive to variations in the torsio-elastic suspension parameters 

compared to the static rollover threshold, which is mostly affected by suspension 

torsional stiffness. The dynamic rollover threshold of the vehicle was observed to be 

lower than the static rollover threshold, while the ratio of dynamic to static rollover 

threshold ranged from 0.91 to 1.0 for both the suspended and unsuspended vehicle 

models, irrespective of the load and terrain roughness. The static rollover threshold could 

thus be employed to attain a reasonable estimation of the dynamic rollover propensity of 

the vehicle. The results suggest that the proposed three-dimension model could serve as 

an effective tool to assess ride and directional stability performance of articulated frame 

steer vehicles operating on rough terrains, and provide essential guidance on suspension 

design and tuning.  
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CHAPTER 6 

CONCLUSIONS AND RECOMMENDATIONS 

6.1 Highlights and major contributions of the dissertation research 
 

This dissertation research presents systematic analytical and field studies of an advanced 

passive suspension concept to achieve enhanced ride performance while preserving the 

roll/directional stability performance of articulated frame steer vehicles (ASV). A 

comprehensive kineto-dynamic analysis of the frame steering mechanism is also 

presented and the critical design features affecting the snaking stability are identified. A 

comprehensive analytical model of an ASV is formulated for integrated ride and stability 

analysis, and axle suspension design and tuning. The major highlights of the dissertation 

work are summarized below: 

 The ride performance potentials of a torsio-elastic suspension concept are 

investigated for a forestry skidder. The ride performance analyses are performed 

through development of ride dynamic model and simulations, and field 

measurements. 

 

 The 13-DOF vehicle model is used for sensitivity analyses to study the effects of 

various suspension design parameters. 

 

 A three-dimension tire model is proposed and integrated to ride dynamic model to 

account for tire interactions along the fore-aft, lateral and vertical axes. the model 

is based on an adaptive radial representation for characterizing the resultant 

vertical and longitudinal forces within the contact patch, and the side-slip theory 

together with the tire-lag to estimate lateral forces. 

 

 A methodology is proposed to synthesize roughness profiles of the two terrain 

tracks considering coherency between the left and right tracks. A coherence 

function was proposed to describe the linear dependence of two random profiles 

of the off-road so as to synthesize relatively low frequency components of the off-

road terrains. 

 

 A kineto-dynamic model of the articulated frame steering mechanism is proposed 
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to account for kinematics and dynamics of the hydraulic steering struts, leakage 

flows and steering valve characteristics. The steering model is integrated into a 

nonlinear yaw-plane model of an articulated dump-truck to study the roles of 

steering system kinematics and dynamics on critical vehicle speeds associated 

with snaking stability performance. For this purpose, a methodology based on 

decay rate of the yaw response oscillations is proposed for identifying the critical 

speed. 

 

 A comprehensive three-dimensional model of an articulated frame steer vehicle 

with and without a rear axle suspension is proposed for integrated ride and 

directional stability of the vehicle. Performance measures are defined to evaluate 

static and dynamic roll stability limits, and rearward yaw amplification of the 

ASV. 

 

 A comprehensive parametric analysis is performed to study the influences of axle 

suspension design parameters on the vehicle ride and directional stability under a 

wide range of operating conditions. 

 

6.2 Conclusion 

The major conclusion drawn from the simulation results and the field-measured data are 

summarized below: 

 The results attained from field measurements clearly show that the proposed 

torsio-elastic suspension could offer considerable benefits in reducing the WBV 

exposure of the off-road vehicle operators under loaded as well as unloaded 

conditions.  The frequency-weighted rms accelerations along the translational 

axes at the operator location were 35% to 57% lower for the vehicle with rear-

axle torsio-elastic suspension compared to the conventional unsuspended vehicle.  

 

 The magnitudes of horizontal vibration transmitted to the operator’s station of the 

conventional vehicle were either comparable to or exceeded the vertical vibration 

magnitude, suggesting the need for an effective axle suspension. 

 

 The ride dynamic responses obtained from the linear model considering simple 

point contact tire model agreed reasonably well with the measured responses, 

while the fore-aft and lateral ride responses could not be predicted. 

 

 The optimal suspension parameters identified from solutions of a multi-objective 

minimization revealed further reductions of 6% in the frequency-weighted 

vertical accelerations. 
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 The radial tire model coupled with a lateral spring model based on side-slip 

theory and tire lag could effectively simulate the tire-terrain interactions along the 

three translational axes. The vehicle ride model incorporating the three-

dimensional tire model provided very good estimations of ride responses along 

the fore-aft and lateral axes. 

 

 Both the frequency-weighted and unweighted vertical and pitch rms accelerations 

were strongly affected by the suspension vertical stiffness, while the lateral and 

roll responses were mostly affected by suspension torsional and lateral stiffness. 

A suspension design with lower vertical stiffness and higher lateral and torsional 

stiffness, and higher vertical and lower lateral and torsional damping would be 

beneficial in limiting the ride vibration exposure of the vehicle operators.  

 

 The vehicle fitted with the torsio-elastic rear axle suspension showed significantly 

lower sensitivity to variations in the vehicle load. The kinematic advantage of the 

torsio-elastic suspension is thus most beneficial in limiting the ride dynamic of the 

vehicle.  

 

 The directional responses of an articulated steer vehicle were strongly dependent 

upon the kineto-dynamic properties of the steering mechanism. The steering 

responses and yaw stability limits were most significantly affected by the 

effective damping of the steering mechanism, which is dependent upon the 

maximum valve flow rate, the characteristic articulation angle error, and the 

leakage flows within the struts and struts orientations.   

 

 The greater load on the rear axle of the frame steer vehicle resulted in lower 

snaking stability limit of the vehicle, while the yaw oscillations or snaking 

tendencies increased with speed. Minor leakage flows could yield substantially 

high yaw damping and thus a higher critical speed.  

 

 Both the unsuspended and suspended vehicles show relatively higher load transfer 

at the rear unit axle, which is attributed to higher cg and load of the rear unit of 

the loaded dump truck. The suspended vehicle, however, resulted in greater roll 

motion, lateral acceleration, lateral load transfer and yaw velocity responses 

compared to the unsuspended vehicle.  

 

 The suspended vehicle revealed only slightly lower static rollover threshold 

(10%) compared to the unsuspended vehicle due to lower effective roll stiffness 

of the suspended vehicle. This was attributed to high effective roll stiffness and 

kinematic effect of the torsio-elastic suspension, which provide higher roll 

stability of the vehicle compared to linear beam axle suspensions.  

 

 The results generally revealed relatively lower values of (DRT) compared to 

(SRT) values for both the suspended and unsuspended vehicles. The ratio of DRT 

to SRT ranged from 0.91 to 0.98 for different load conditions. The static rollover 
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threshold can thus be used to obtain reasonable estimates of the dynamic rollover 

propensity of the vehicle. 

 

 The static and dynamic stability limits are significantly influenced by the vehicle 

load. The loaded vehicle revealed considerably lower yaw and roll stability limits, 

attributed to higher inertia, cg height and shifting of the rear unit cg closer to the 

articulation joint.  

 

 The tire interactions with the rough terrain affected the stability limits in a highly 

adverse manner. The SRT of the unsuspended and suspended vehicle models 

decrease by about 15% and 12%, respectively, when the terrain profile is 

considered. The respective DRT values are around 11% and 8% lower. 

 

  The suspension design with greater lateral and torsional stiffness could yield roll 

and yaw stability limits similar to those of the unsuspended dump truck, while 

retaining the ride performance benefits of the torsio-elastic suspension. 

 

 The three-dimensional vehicle model can be effectively applied for integrate ride 

and directional stability analyses, design and tuning of axle suspensions, and 

design and analyses of the steering mechanism. 

6.3 Recommendations for Future Studies 

The proposed three dimensional model can serve as an effective tool for predicting the 

ride dynamic responses and directional stability limits of vehicle, and thereby facilitate 

axle suspension and steering system designs. The proposed passive torsio-elastic 

suspension introduced at the rear-axle of ASVs also offers a good compromise between 

the ride comfort and the stability performance of the vehicle. The models developed in 

the study and the suspension design thus offer attractive potentials for off-road vehicles, 

particularly the articulated frame steer vehicles that are designed for higher speed 

operations in road as well as off-road sectors. Considering that such vehicles yield high 

magnitudes of ride vibration and relatively lower directional stability limits, the vehicle 

operations at higher speeds poses greater safety risks. Additional efforts on suspension 

and steering designs so as to achieve higher speeds are thus highly desirable. Particular 
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topics of future work may include the following: 

 Experimental study and field measurement on the high-speed dump truck. An 

articulated dump truck, as a high-speed ASV, can be instrumented to measure the 

vibration responses at the seat location along the translational and rotational axis 

during the transport operation under loaded and unloaded conditions. 

 

 Evaluations of ride and roll stability limits of an ASV with both suspended axles is 

desirable for realizing further improvements in ride: Alternate suspensions with high 

roll stiffness need to be explored to preserve roll stability. These may include the 

torsio-elastic suspension and roll and/or pitch connected hydro-pneumatic 

suspensions. 

 

 It is essential to develop tire models to incorporate tire-interactions with deformable 

terrains. A ring model of the tire together with elastic-plastic model of the deformable 

terrain would likely provide a good starting point. 

 

 A more refined model of the steering mechanism is most desirable to fully describe the 

nonlinear steering valve flows and flow saturation, fluid pressure drop in connecting 

pipes, struts seals and joints friction, and leakage flows. 

 

 Field measurements of the steering system responses to various steering inputs are vital 

to develop an effective model that can be considered valid over a wide range of operating 

conditions, which can help derive steering system design for higher critical speeds. 

 

 A virtual multi-body model of the vehicle with and without the axle suspensions 

incorporating suspension kinematics and dynamics would be most beneficial to seek 

improved axle suspension designs. 

 

 A multi-objective optimization study is recommended to seek a set of design 

parameters of the proposed suspensions that can yield an enhanced compromise in 

both the ride and roll/directional stability characteristics of ASV. 

 

 In order to improve the roll/directional stability of the vehicle, the stability control 

systems including dynamic stability control (DSC) and electronic stability program 

(ESP) could be developed to improve the control over the vehicle traction and to 

minimize the loss of control during high-speed maneuvers.  
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