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ABSTRACT

Pazooki Alireza, Ph.D.
Concordia University, 2012

Articulated frame steer vehicles (ASVs), widely employed in different off-road sectors,
are generally unsuspended vehicles. Owning to their complex operating environment,
high mass center, relatively soft and large diameter tires, wide load variations and load
distribution, and kineto-dynamics of the frame steering mechanism, these vehicles
transmit higher magnitudes of low frequency whole-body vibration (WBV) to the
operators and also exhibit lower roll and directional stability limits. While the superior
performance potentials of axle suspension in limiting the WBV exposure have been
clearly demonstrated, the implementations in ASVs have been limited due to the complex
design challenges associated with conflicting requirements posed by the ride and
roll/directional stability requirements. Growing concerns on human driver comfort and
safety, and increasing demands for higher speed ASVs such as articulated dump trucks,
however, call for alternate suspension designs for realizing an improved compromise
between the ride and stability performance. This dissertation research is aimed at analysis
of a torsio-elastic axle suspension concept for achieving improve ride, while preserving
the directional stability limits of the ASV. For this purpose a comprehensive three-
dimensional model of the articulated frame steer vehicles is developed for design and
analysis of the proposed axle suspension concept. The model is formulated considering a
three-dimensional tire model, tire lag, coherent right- and left-terrain track roughness, and
kinematics and dynamics of the steering struts.

Field measurements were performed to characterize the ride properties of a

conventional forestry skidder and that of a skidder retrofitted with the rear-axle torsio-

iii



elastic suspension under different load conditions. The measured data were analyzed to
assess the ride performance potential of the suspension and to examine validity of the
simulation model. Both the field measured and simulation results revealed that the
proposed suspension could yield significant reductions in the magnitudes of vibration
transmitted to the operator location, irrespective of the load and speed conditions. A
simple yaw-plane model of the vehicle is also formulated to study the role of steering
system design including the steering valve flows, kineto-dynamics of the steering struts
and leakage flows on the snaking stability limits of the ASV. The results showed that the
critical speeds are strongly dependent upon the kineto-dynamics of the articulated
steering system.

The comprehensive three-dimensional model subsequently used for analysis of
integrated ride and roll/directional stability limits of the vehicle and the axle suspension
designs. The stability performance measures are defined to assess the vehicle stability
limits under steady as well as transient directional maneuvers. The results show that the
proposed rear-axle suspension deteriorates the stability performance only slightly,
irrespective of the load condition. It is concluded that the proposed suspension concept
could yield a very good compromise in ride and stability performance. The proposed
model could serve as an effective and efficient tool for integrated ride and handling
analysis and to seek primary suspension designs for an improved compromise between

the ride and stability performance of ASVs.
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CHAPTER 1

LITERATURE REVIEW AND SCOPE OF THE DISSERTATION

1.1 Introduction

Articulated steer vehicles (ASVs), commonly employed in agricultural, construction,
forestry and mining sectors, are known to transmit comprehensive higher magnitudes of
low frequency whole-body vibration (WBV) along the translational as well as rotational
axes to the drivers, which can be attributed to vehicle interactions with the uneven off-
road terrains, and lack of adequate primary and/or secondary suspensions. Furthermore,
owing to their relatively soft tires, extreme variations in the load and load distributions
during work cycles, and high mass center, the articulated steer vehicles (ASV) exhibit
lower roll and directional stability limits. The WBV exposure of many off-road vehicles
widely characterized through field measurements [1,2], is known to exceed the health-
caution guidance zone defined in ISO-2631-1 [3] and the exposure limit of the EN14253
[4]. Prolonged occupational exposure to such WBV has been directly associated with
various health and safety risks among the vehicle drivers [5,6], while the operators of
ASVs are exposed to far greater magnitudes of WBV compared to other off-road vehicles
[1,7]. Furthermore, there exists as increasing demand for operations at relative higher
speeds, which would yield even greater magnitudes of WBV.

Owing to the high inertia (load carrying capacity) and high center of gravity (cg), the
vast majority of ASVs have been designed without a primary suspension. The inhibition
of ground-induced vibration is thus generally limited to large-diameter and soft tires,
suspension seat and elastic operator cabin mounts [8-10]. The large tires, however, tend

to increase the vehicle cg height and reduce the vehicle track width, leading to potentially



greater fore-aft and lateral motions of the driver, and lower roll stability limit. Moreover,
pneumatic tires yield very light damping. A combination of these factors suggests that the
design and property tuning of tires could help achieve only limited gains in the ride
performance and roll/directional stability limit, partly due to the constraint imposed by
the off-road tractive performance. A suspension seat, on the other hand, could yield
limited isolation of high intensity vertical vibration, when the suspension is adequately
tuned for the specific target vehicle vibration [10-12]. A few studies have shown that the
suspension seats yield only limited control of vehicle vibration in some vehicles, and
amplify the vibration in many large size off-road vehicles [1,9,10,13]. Furthermore, a
suspension seat is not effective in limiting the transmission of fore-aft and lateral
vibration, whose magnitudes are known to be either comparable to or exceed that of the
vertical vibration [10,11]. A suspension at the cab, generally limited to elastic mounts,
also yields attenuation of only high frequency vibration [14,15]. Furthermore, the
implementation of a cab suspension could pose many complexities in the ASV design,
where the cab is often welded to the chassis along with the ROP structure.

Although axle suspensions offer greater potential to reduce the transmission of
terrain-induced translational as well as rotational vibrations, relatively fewer studies have
attempted the design and performance analyses of such suspensions, where the
enhancements in ride have been clearly demonstrated [16-21]. This may in-part be
attributed to the strong couplings between the ride and roll/directional stability properties
of such vehicles, which pose complex design challenges associated with conflicting
requirements posed by the ride and roll stability measures, and wide variations in the axle

loads, particularly in view of design and property tuning of the main vehicle cushioning



systems. While a soft axle suspension would be highly desirable for attenuation of WBV
arising from the tire-ground interactions, it tends to reduce the vehicle roll stability limit.
Anti-roll suspension concepts with a ride-height levelling function and interconnected
hydro-pneumatic suspensions [22,23] would offer promising alternative solutions for oft-
road vehicle applications. However, their performance analyses in view of both the ride
and roll/directional stabilities have not been thoroughly explored.

A number of design and operating factors contribute to relatively lower directional
and roll stability limits of ASVs. These include the multi-axle articulated vehicle design,
large diameter tires and thus high mass centre (cg), operation on complex terrain
conditions, wide range of operating speeds, and large vehicle load and load variations, in
addition to kinematics and dynamics of the articulated steering system [24-26].
Moreover, a class of the ASVs such as dump trucks also operate on paved roads at
relatively higher speeds and thus pose difficult handling and directional performance
requirements. Such vehicles are known to exhibit relatively lower directional stability
thresholds, particularly greater jack-knife and snaking tendencies at medium-high speeds
[27]. Moreover, the stability limits are known to be sensitive to kinematic and dynamic
properties of the steering system in addition to the cg positions of the front and rear body,
and rear body inertia [24-26,28-31]. The articulated frame steering mechanisms have
been invariably represented by equivalent linear torsional spring and damping constants,
which do not adequately reflect the kineto-dynamic effects of the steering struts [24-
26,28-31].

The ride, handling and directional response characteristics of heavy road and oft-road

vehicles have been widely investigated using different multi-body dynamic models [32-



39]. The simulation models focusing on handling, dynamic roll and directional
characteristics generally ignore the vertical tire integrations with random rough roads.
The models aimed at ride dynamic evaluation, on the other hand, ignore the steering
dynamics. The tire-terrain interactions, however, is vital for both the handling and ride
dynamic evaluation, particularly for off-road vehicles, including the ASVs. It is thus
desirable to develop integrated ride and handling multi-body dynamic models
incorporating tire interactions with randomly rough terrains and kineto-dynamic of the
steering system. Furthermore, the handling and directional properties of off-road vehicles
have been addressed in only a few studies, which is partly attributed to their low speed
operation. However, the growing demands for higher speed ASVs such as articulated
dump trucks necessitate the developments of a comprehensive three-dimensional model
to facilitate the design of high speed ASVs and to identify desirable axle suspension
designs to achieve an improved compromise between the ride and stability limits.

This dissertation research focuses on: (1) development of an integrated ride and
handling dynamic model of an articulated frame steer vehicle incorporated a kineto-
dynamic model of the frame steering mechanism; and (ii) an advanced axle suspension
design for enhancement of both the ride and roll stability limits of the ASVs. The ride
performance potentials of a torsio-elastic axle suspension are investigated through field
measurements and simulations of a ride dynamic model. A kineto-dynamic model of the
frame steering struts is developed and integrated to the vehicle model to study the
directional dynamics and stability characteristics and the influences of steering system

design on the vehicle stability limits.



1.2 Review of Relevant Literature

Vehicles using articulated frame steering (ASVs) have been tested as early as 1836 and
were first patented in the beginning of the 20th century [40]. These vehicles include two
separate units coupled through an articulation joint, while the steering is attained by
altering the angle between the two bodies in the yaw plane using two hydraulic cylinders,
as seen in Fig. 1.1. ASVs offer enhanced maneuverability and drawbar pull performance
but yield complex ride and stability characteristics. Such vehicles operate on both paved
and unpaved surfaces and are known to yield comprehensive magnitudes of whole body

vibration and lower directional and roll stability limits.

Steering Sinuts

Figure 1.1: A pictorial view and a schematic of an articulated frame steer vehicle (ASVs).

Strong coupling between the ride and stability performance measures poses
significant design challenges for ASVs, particularly for the axle suspensions. A study of
ASV ride and stability characteristics encompasses numerous measurement and modeling

challenges and necessitates a thorough knowledge of the characteristics of various



vehicle subsystems, analytical and experimental methods, analysis and assessments of
ride vibration, and roll and directional stability limits, and performance measures and
requirements. The reported relevant studies are reviewed and discussed in the following
subsections to build the essential knowledge and formulate the scope of the dissertation
research.

1.2.1 Characterization of vibration and vibration assessment of off-road vehicles
ASVs are generally unsuspended vehicles that are directly supported on large-diameter
soft tires. These vehicles operate on both the paved roads and relatively rough terrains
with large localized slopes and cross-slopes, and yield comprehensive magnitudes of
translational and rotational whole-body vibrations (WBV) at the operator location
[7,41,42]. The WBYV exposure of operators of various off-road vehicles has been widely
characterized through field measurements over the past five decades [43-47]. These have
demonstrated that the WBYV of off-road wheeled vehicles generally dominates in the 0.5-
5 Hz and that the magnitudes of vibration encountered by ASVs operators are generally
higher than those observed in conventional steering off-road vehicles [1,7]. A number of
epidemiologic studies have established a strong association between the WBV exposure
and various health risks among the operators [42,48]. A number of standardized methods
have thus been defined to assess the vibration exposure risks considering the human
sensitivity to frequency and magnitude of vibration and exposure duration [3,4,49,50].
The international (ISO-2631-1[3]) and British (BS 6841) [49] define the frequency
weightings to account for human sensitivity to vibration and method of assessing the
exposure. The standards define frequency weighting W, , W, and W, for assessing of

vertical, horizontal and rotational vibrations, while the exposure is expressed in terms of



frequency-weighted root-mean-square (rms) acceleration, @, or vibration dose value
(VDV), when the ride vibration environment involves high intensity vibration or shock

motions, given by:

1 T T 1/4

a=_|—[a2dr ; DV =| [ajdt (1.1)

T 0 0

where a,, is the frequency-weighted acceleration along a given axis and T is the exposure
duration considered. The frequency-weightings employed in the standardized exposure
assessment methods suggest that human body is most sensitive to horizontal and
rotational vibration in the 0.5-2 Hz range, and to vertical vibration in the 4-10 Hz range.
The comfort perception of vibration and the health effects are directly related to overall

rms acceleration computed from the above equation. The overall frequency-weighted rms

acceleration due to WBV can also be evaluated from:

a= Y waf (1.2)

where a;(f) is the rms acceleration corresponding to center frequency fof the i  third-
octave frequency band, and W; is the corresponding weighting factor. The standard also
requires the evaluation of total WBV exposure through vector summation of the
translational weighted accelerations, when the dominant ride vibrations occur along

multiple axes, such that:

a,= (k2@ +ka’ +a?) (1.3)
where a, and a, are W;-weighted rms longitudinal and lateral accelerations, respectively,

and a, is the W-weighted rms vertical acceleration. In the above equation, k.=k,=1.4 are

the constants applied to account for relatively higher human sensitivity to horizontal



vibrations. In addition, the exposure assessment guidelines of the European Commission
(EC, 1992) defines an eight-hour energy equivalent frequency-weighted acceleration,
A(8), for assessing the WBV exposure. The 4(8) value represents the equivalent exposure

to continuous vibration over an eight-hour work period, given by:

A®) =a,\T./T, (14)
where T, is the reference duration of 8 hours and 7, is the average daily exposure
duration. The EC has also set for the ‘action’ and ‘limiting’ values of 4(8) as 0.5 m/s* and
1.15 m/s*, respectively. The studies on assessment of ride vibration of different off-road
vehicles generally report frequency-weighted overall rms acceleration levels, and exhibit
wide variations in the measured magnitudes even for the same class of vehicles, as
evidenced in Table 1.1.

Table 1.1: Summary of the WBYV levels reported in different studies for different off-road

vehicles.
Vehicle a, (m/s’) VDV(m/s"") Source(s)
Excavator 0.51°-0.91° 5.76 [41,52,53]
Scraper 1.61° 14.9 [53]
Grader 0.55°-1.4° 7.25 [52-54]
Skid-steer vehicle 1.18¢ 9.64 [53]
Compactor 0.91° 7.86 [53]
Wheel-Loader 0.95%1.22¢ 31.7 [52,53,55]
Mobile Crane 0.15-0.59° - [41,53,55-57]
Off-road dump truck 1.21%-1.93¢ 17.2 [41,53,54]
. 1 1.8°-1.83¢
Skidder un(l)js;:d 1.986°-2.8130e ] [1.58]
Agricultural Tractor 0.50°-1.93° - [41,54,59-62]
Crawler loader 1.01°¢ 8.71 [53]

“exceeds ISO 2631-1 (1997) health caution zone lower limit for an 8-h day;
Yexceeds ISO 2631-1 (1997) health caution zone upper limit for an 8-h day;
“exceeds ISO 2631-1 (1997) health caution zone upper limit for a 4-h day.



Table 1.2: Summary of reported WBYV levels along x, y, z axes of different off-road

vehicles.
Vehicle a, (ms’ a, (m/s’) a (m/s% Source(s)
Load-haul dump truck 0.81 0.49 1.57 [42,63]
Heavy-haul mining trucks 0.13-0.57  0.14-0.48 0.40-1.52 [64]
Agricultural tractors 0.07-1.12  0.11-1.40  0.16-1.35 [65-70]
(various tasks)
Underground mining
dumpers (loaded and 0.63-1.50  0.54-0.84 0.87-2.50 [63]
unloaded)
Cranes — mobile and 0.07-0.66 0.11-0.67 022052 | [6,57,71]
overhead
Grader 0.38 0.45 0.79 [54]
Construction machinery
Loaders-wheeled 0.21-1.40  0.22-1.30 0.29-1.26
Loaders-tracked 0.65-1.12  0.34-0.76 0.51-0.96 [6,42,67,71-
Dumpers 0.51-1.12  0.30-0.78 0.46-1.18 74]
Excavators 0.24-0.52  0.20-0.26 0.30-0.52
Forestry machines
Skidders 0.54-0.86 0.49-142  0.72-1.15 | L7378
Forwarder 0.64-0.75  0.80-1.52 0.39-0.68
Snow vehicles
Side-walk ploughs 0.35-1.03  0.20-0.86 0.81-2.23 [58,79]
Snowmobiles 0.43-1.00  0.50-1.00 0.30-1.00
Groomers 0.15-0.36  0.15-0.36 0.40-1.10
Compactor 0.37-0.50 - 0.78-1.49 [80]

Table 1.2 further summarizes the reported frequency-weighted rms accelerations due
to vibration along the x-, y- and z-axis of different vehicles. The wide range of reported
acceleration values are attributed to variations in the design and operating conditions,
local terrain condition and the tasks. The results further reveal significantly higher
magnitudes of WBYV of off-road vehicles, while those of the articulated steer vehicles,
such as wheel loader, off-road dump truck, tractor and skidder are relatively higher

[7,51]. The results in the table also show that WBV levels of many vehicles either



approach or exceed the ‘health caution zone” defined in ISO-2631-1. These are indicated
by the superscripts ‘c’,‘d’, and ‘e’ in Table 1.1. The results in Table 1.2 also shown that
the magnitudes of horizontal vibration of ASVs are either comparable or exceed the
vertical vibration magnitudes.

Teschke et al. [51] also conducted a review of reported studies on WBV and back
disorders among the heavy equipment operators and motor vehicle drivers. The study
concluded that operation of excavators, forestry vehicles, tractors, dump trucks,
bulldozers, graders, cranes, etc., are typically exposed to higher levels of vibration than
the limiting values recommended in ISO 2631. Boshuizen et al. [59] conducted a cross-
sectional study with 450 tractor drivers exposed to 0.75 m/s” for at least 10 years and a
control group of 110 people, and concluded that the low back pain (LBP) symptoms were
50% greater among the control group. Considering the reported health risks of WBV
exposure among the operators and high magnitudes of off-road vehicles vibration,
numerous studies have emphasized the need for control of WBV transmitted to the
operator by means of primary and secondary suspensions [21,76,84,85]. The vast
majority of these concepts, however, have met limited success in off-road vehicles partly
due to complexities associated with the design compromises and their integrations.

1.2.2 Ride dynamic analyses and vibration control

The designs of primary and secondary suspensions require a comprehensive
understanding of ride dynamic characteristics of the target vehicle. The ride dynamic
responses of an off-road vehicle are a complex function of multiple design and operating
factors such as terrain roughness, speed, tire-terrain interactions, vehicle weight and

dimensions, and suspension and tire properties. A number of studies have proposed ride
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dynamic models of different vehicles to evaluate ride vibration responses, and the
contributions and significance of various design and operating factors [86-90]. The vast
majority of these studies, however, focus on road vehicles, while the efforts on off-road
vehicles have been mostly limited to tracked military vehicles and agricultural tractors
[43,91-100]. The lack of efforts in ride dynamic modeling of ASVs may be partly
attributed to complex dynamics of these vehicles.

The reported off-road ride dynamic models have employed different tire and
suspension models, while the objectives differ such as the characterization of ride
dynamic properties [91,92,100] or developments in cab and seat suspensions
[91,102,103]or active and passive axle suspensions [21,100,104,105]. The vast majorities
of the reported ride dynamic models are planar model and assume negligible tire-terrain
interactions in the fore-aft and lateral modes, constant forward speed, and negligible
contributions due to articulation mechanism in the case of ASV [101,106-108]. Such
simplifying assumptions, especially the negligible tire-terrain interaction in the shear
modes and lack of articulation frame steering are the main sources of the error in ride
dynamic predictions of off-road vehicles [109]. Only a few studies have considered three-
dimensional ride dynamic models of off-road wheeled vehicles while the agricultural
tractors being the primary focus, as seen in Fig. 1.2 (a) [100].

A three-dimensional analytical model of an articulated frame steer vehicle could not
be found in the literature. A few studies, however, have explored a simplified virtual
multi-body model of an ASV using MSC/ADAMS. Rehnberg and Drugge [21] developed
the virtual multi-body model of a wheel loader with and without an axle suspensions

using MSC/ADAMS software to investigate the effect of introducing axle suspension on
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the vehicle ride performance. The 19 degrees-of-freedom (DOF) unsuspended wheel
loader model comprised five rigid bodies apart from the wheels, as shown in Fig. 1.2 (b).
The wheel loader with front and rear axle suspensions was modeled considering eight
rigid parts besides wheels, and 22-DOF [21,30]. The validity of an off-road vehicle ride
dynamic model strongly relies on the accuracy of the component models, particularly the
tire modeling, terrain roughness, and secondary and primary suspension models, which

are reviewed and summarized below.
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Figure 1.2: (a) Three-dimensional tractor model and the related forces and torques acting
on the body, axle, and wheel [100]; and (b) virtual multi-body model of a wheel loader
[21].

1.2.3 Tire modeling

Off-road vehicle tires play the most important role in different vehicle performance
measures such as ride, handling, directional stability, traction/mobility and the
operational economy. These measures, however, impose conflicting requirements on the
tuning of tire properties. Soft tires would be highly desirable for absorption of vibration

energy [21,110] but lower effective roll stiffness and thus reduced stability, and poor fuel

economy due to higher rolling and shear resistances [21,111-114]. Alternatively, stiff tires
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would be desirable for improved handling and directional stability on roads, but could
yield limited mobility performance on soft terrains. Vertical properties of the tires affect
the vehicle ride responses, while vehicle handling and directional stability analyses
necessitate characterization of longitudinal and lateral force properties of the tires. The
characterizations of tire forces and moments, however, are quite complex due to highly
nonlinear tire properties, and continue to be the focus of many studies.

The reported studies on off-road vehicle ride dynamics have employed tire models
ranging from the simplest linear point-contact model to a complex adaptive footprint tire
model, as shown in Fig. 1.3 [91,94,97,115-118]. The simple linear point-contact model,
however, has been most widely used, where the tire is represented by its equivalent
vertical stiffness and viscous damping constants with a single contact point with the
terrain surface. Such tire models have proven to be effective for studies on road vehicles,
particularly for relative analyses of different suspension concepts. Such a model,
however, would not be adequate for off-road vehicles operating on highly rough and
deformable terrains. This is partly attributed to overestimation of the contact pressure and
thus the sinkage of the point-contact tire model together with lack of consideration of
tire-terrain interactions in the shear mode loss of tire-terrain contact [115-119]. A few
studies have also incorporated a nonlinear point-contact model of the tire in order to
account for tire-ground loss of contact, while such models invariably assume
undeformable terrains [120].

Captain et al. [115] and Xiding et al. [116] employed fixed footprint tire models to
describe the vertical tire-terrain contact force distributed over a fixed footprint length.

These models are also limited to vertical tire-terrain interactions only, while the terrain
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deformation is ignored. Alternatively, adaptive footprint models comprising radial spring
elements distributed uniformly over the contact patch have been proposed to characterize
both the resultant vertical and horizontal forces within the contact patch, as shown in Fig.
1.4 [115,116,121]. It has been shown that the linear point-contact and fixed footprint
models could provide good estimations of the vehicle ride response only in the low
frequency range, while the adaptive footprint model yields better predicts of in the entire

frequency range.

ML

point contact  roller contact fixed footprint radial spring
Figure 1.3: Tire models used for ride dynamic analysis [117].

Three-dimensional point-contact tire models have also been proposed to generate
horizontal and vertical forces developed at the tire-terrain interface [101,110,112]. These
models employ linear stiffness and damping components in either parallel or series
arrangements, as shown in Figs. 1.5 (a) and 1.5 (b). It has been shown that the point-
contact tire model in series yield better agreements with measured acceleration responses
of an agricultural tractor along all the translational axes [101]. It has been shown based
on the measurements that the carcass characteristics in the lateral direction could be
modelled by a parallel spring/damper unit (Kelvin unit), and the tire-ground interaction
could be represented by a viscous damper in series with the Kelvin unit, which is called

as visco-plastic model, as seen in Fig. 1.5(c) [110,119]. Although comprehensive finite
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element tire models have been widely reported for characterizing multi-axis tire-terrain
interactions [122], such models could find only limited applications in ride dynamic

analysis of vehicles due to associated complexities and high computational demands.
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Figure 1.5: (a) tire model consisting of spring and damper in parallel [100]; (b) tire model
consisting of spring and damper in series [101]; and (c) visco-plastic model [110, 119].

A number of regression-based empirical models have been developed for describing
longitudinal and lateral forces developed by the tires. Among these the Magic Formula
(MF) tire model, developed by Pacejka [123,124], has been widely employed in handling

and directional dynamics analyses of road vehicles. The MF tire model is a complex
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regression relation, which can be calibrated using the experimental tire data that yields
the relationships between the tire cornering force and slip angle, braking force and
longitudinal slip (skid), or self-aligning torque and slip angle. The MF tire model is
described:
y(x) = D sin[C tan™*{Bx — E(Bx — tan™1[Bx])}] (1.5)
YX)=y(x)+S,; x=X+S5,
where Y(X) represents the result such as tire cornering force or braking force, or self-
aligning torque, and X is the side-slip angle or the longitudinal slip. The constants B, C, D
and E are the stiffness, shape, peak and the curvature factors, respectively, and Sv and Sh
are the slip variables. The cornering force due to off-highway vehicle tires has been also
described by Metz [125] proposed a cornering force model in the result and empirical
relation assuming negligible camber effect and longitudinal wheel slip, given by:
E, = AxF;(1—e75%) (1.6)
where F), and F. are cornering and the normal tire forces, respectively, and a is the tire

slip angle. B is a constant dependent upon the tire load and terrain surface, such that:

p=5(2)" 2 0

where Fzr is the nominal tire design load at the design operating pressure, m is an

exponent (equal to 0.14), and 4, C and D are constants dependent upon the terrain

condition, as seen from Table 1.3. The tire cornering stiffness Cr, for small slip angles
can thus be estimated from:

Cra=AXBXF, (1.8)

The MSC.ADAMS software integrates the longitudinal and lateral tire forces

relations denoted as the ‘Fiala model’ [126]. The Fiala tire model uses mathematical
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equations to represent the tire force and moment characteristics assuming rectangular
contact patch or footprint, uniform pressure distribution across the contact patch, and
negligible tire relaxation and camber effects. The Fiala model is considered meritorious
over the other models since it requires only a few directly measurable physical and
geometrical parameters. The model also provides estimations of vertical force on the
basis of the vertical stiffness, unloaded radius, and damping ratio.

Table 1.3: Parameters for the Metz tire model for different types of terrain surfaces [125].

Constants | Highway Pi_(l):lvgd Gravel Cornfield Meadow
A 0.67 0.65 0.52 0.53 0.88
C 0.677 0.267 0.588 0.440 0.784
D -0.563 -0.222 -0.489 -0.365 -0.652

The off-road vehicles tires penetration into the deformable soils, however, influences
the tire forces significantly. The tire-tread penetration is a function of soil shear strength
expressed by soil cone index, soil cohesion and internal shearing resistance [101,118].
The forces developed by tires operating on deformable soils have been estimated on the
basis of a parameter known as the mobility number (EMOB), which defined through a
dimensional analysis of the measured data considering the effects of tire size, load and

soil cone index [118], the mobility number of a tire 1s derived from:

CSWdT\/r/h
EMOB = ————— 1.9
D) (19)

where C; is soil cone index, and w, d and h are the tire width, diameter and section
height, respectively. § is the tire deflection and F, is the tire normal load.
The lateral force developed by the tire is defined as a function of two constants,

K, and B,,, dependent upon EMOB , vertical load and corresponding slip angle « , such
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that [118]:

F,(t) = —FK,(1— e B*®) (1.10)
[ 0.69 _ _
Ky = (EMOBi) +0.61; By Ky = 2.34 + 0.088 EMOB; (1.11)

The above model can also accounts for tire lag associated with buildup of the lateral
force, which is notable in off-road vehicle tires [101]. The lateral force developed by a
tire can be thus derived assuming the first-order tire dynamics, where the relaxation time
constantt,,, directly relates to the relaxation length o, and the forward speed u (7, =
ay/u) [118]:

7,E,(0) + F,(t) = —EK, (1 — e 52®) (1.12)
1.2.4 Terrain roughness

The characterization of off-road terrains roughness is quite complex since it varies with
the local conditions of a region, soil properties and the number of vehicle passes [127-
129].The terrain roughness properties are thus generally estimated from surface elevation
measurements. International standard organization (ISO) has proposed relationships
between the power spectral densities (PSD) of roughness of various classes of
undeformable roads with the spatial frequency, as [114]:

$,(Q,) (Q/0)7" 5 a<Q,

S, (Q) =
o) $,(Q) (2/2,)" 5 @>Q,

(1.13)

where S;(Q) is PSD of road surface elevation, S;(€2,) is a roughness constant defined

for different classes of roads at the spatial frequency Q, = 1/2m, and N; and N, are
waviness of the terrain. The surface roughness properties of various undeformable off-

road terrains have also been characterized and expressed by the following power relations
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[114,130-132]:

G,(V)=a,Q", a >0and £>0 (1.14)

where the constants a, and f are the roughness coefficients and wavinesses of the terrain,

respectively,
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Figure 1.6: Roughness characteristics of different surfaces.

The roughness characteristics of the terrain profiles reported for the plowed field,

pasture, highway with gravel, smooth highway, and rough runway [114], and the MVEE

(Military Vehicle Engineering & Establishment) random course [131,132] are compared

in Fig. 1.6. The results clearly show that the unpaved terrains exhibit greater roughness

compare to the paved roads. The spatial power spectral density (PSD) of the terrain

roughness may also be expressed by a rational PSD function in temporal frequency and

operating speed to synthesize the time-history of the terrain roughness by applying a

random white noise signal of unity power [133]. The reported models describe the
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average roughness of the terrain profile, while the roughness of the two tire tracks has
been addressed in only a few studies [134,135]. The correlations between the terrain
roughness encountered by the two tires tracks is vital for the study of roll ride and roll
dynamics of the vehicle.
1.2.5 Vehicle Suspensions
Owning to increasing demands on higher speeds and operating capacity, the current
design practices for ASVs seem to be converging towards large-diameter soft tires, while
employing suspended seat and/or cab suspension for cushioning the vibrations/shocks
transmitted to human operators, instead of axle suspensions that can deteriorate the
vehicle roll stability limits [103,111,136-138]. The suspension seats are most widely used
in such vehicles to limit the vertical vibration exposure of the operator. There are
designed with low natural frequency, in the order of 1.5 Hz, with suspension travel
generally limited to £ 5 cm by introducing elastic end-stops [8-10,139-143]. Although
some studies have considered active seat suspensions in the bounce, roll and pitch modes
[144,145], the associated cost and power consumption are considered prohibitive for their
implementation.

The off-road vehicles vibration along the lateral and vertical axes predominate around
1 and 2.5 Hz, respectively. The design of a passive seat suspension for limiting the low-
frequency lateral vibration is considered infeasible due to very low frequency of lateral
vibration [136,146,147]. It has been shown that multi-axis passive seat suspension could
provide attenuations of bounce, pitch and longitudinal vibrations in off-road tractors,
while the reductions in low frequency roll and lateral modes would impose extreme

design challenges [136]. The suspension seats applications in off-road vehicles, including
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ASVs, have been mostly limited to a vertical suspension. The performance of such
suspension seats are generally limited under high intensity ride vibration, which cause
suspension seat to exceed its free travel and thus transmit high intensity vibration or
shock motions to the operator due to the end-stop impacts. A few studies have shown that
the suspension seat does not offer significant reduction in high intensity vertical
vibration, which is attributed to lack of suspension tuning with regard to the intensity and
frequency contents of the target vehicle vibration [14,15]. Cation et al. [1] measured the
vibration encountered at the occupant-seat interface and the cabin floor of forestry
skidders, and found no evidence of reduction in transmitted vertical vibration. This
finding was also confirmed by Wegscheid [107] for the skidders. These studies further
concluded that a vertical suspension seat may even amplify the vibration transmitted to
the operators.

Alternatively, various concepts in cab suspension have also evolved to attenuate
vibration along the translational as well as rotational axes [91,102,136,138]. Different
concepts in cab suspension involving vertical (natural frequency range of 0.8 and 1 Hz),
pitch (0.6, 0.85 and 1.2 Hz) and roll (0.5 Hz) suspensions have been investigated for off-
road vehicles, particularly agricultural tractors [91,103]. The studies have shown that the
vertical and pitch vibrations could be effectively attenuated by a passive cab suspension,
while same challenges exist for control of low frequency lateral and roll vibration. The
performance potentials of rubber, air and hydro-pneumatic mounts, and spring-damper
suspension, at the cabin have been investigated analytically and experimentally [136]. It
is shown that the ride improvement obtained via cab suspension is significantly superior

to that obtained from a vertical seat suspension in the low frequency region. However, the
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studies illustrated that isolation of the lateral and roll modes still remains quite complex
by means of a cab suspension [103]. It has also been shown that suspension design with
nonlinear damping elements is more effective than those with linear damping [102,103].
The implementation of a suspension at the cab is also considered to be complex in small-
size vehicles, where the cab is generally directly welded to the chassis along with the
ROP structure. It can thus be concluded that the secondary suspensions are not effective
in limiting the transmission of fore-aft and lateral vibration, whose magnitudes are known
to be either comparable to or exceed that of the vertical vibration [1,11]. In addition,
performance of secondary suspensions, generally derived from subsystem models of the
seat and cab suspensions [9,10,13,14], may be also limited due to lack of consideration of
dynamics of the target vehicle [14,15].

Owning to increasingly demand for high-speed work vehicles and enhanced ride
comfort, the axle suspensions have been regarded to be most promising, particularly for
the ASVs. These can help limit the stresses in the vehicle structure and components, apart
from improved ride performance [20,30,94,97,105,139,140]. Although axle suspensions
offer greater potential to reduce translational as well as rotational vibrations, relatively
fewer studies have attempted design and performance analyses of such suspensions,
where the enhancements in ride have been clearly demonstrated [17-21]. This may in-part
be attributed to design challenges associated with conflicting requirements posed by the
ride and roll stability measures, and wide variations in the axle loads. A number of studies
have investigated various concepts in passive and semi-active anti-roll bars to enhance
roll stability of heavy vehicles, while minimizing the negative effect on vehicle ride

performance [148-150]. The use of anti-roll bars tends to add weight and could not
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provide additional roll mode damping which is very important for dynamic roll stability
[147].

A few studies have shown that tractors with both the front and rear axle suspensions
could enhance the ride performance, when compared with those with only seat, cab or
front axle suspension [20,94]. Although a soft rear axle suspension with light damping
could provide good vibration reduction along the translational axes, it necessitates large
suspension travel space and affects the roll stability in an adverse manner [20,97].
Various control strategies have also been investigated to develop semi-active and active
suspension systems for heavy road and off-road army vehicles to achieve improved
compromise between the vehicle ride, handling and roll stability performance
[20,60,99,100,105,151]. The applications of such suspensions, however, are very limited,
particularly for heavy commercial vehicles (both road and off-road), due to the associated
high cost and weight, and reliability concerns.

Rehnberg and Drugge [21] developed the virtual multi-body models of a wheel loader
with and without axle suspensions to investigate the effect of introducing axle suspension
on the vehicle ride performance. The simulation results revealed about 50% reduction in
the longitudinal and vertical accelerations by using the front and rear axle suspensions.
Only limited improvement in the lateral acceleration, however, was observed due to the
high effective roll stiffness and the high location of the driver. Alternatively, anti-roll
suspension concepts with a ride-height leveling function, such as interconnected hydro-
pneumatic suspensions [152-154], could be promising for ASVs.

A few recent studies have explored passive interconnected mechanical or

hydraulic/pneumatic suspension concepts to improve the roll dynamic performance of
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heavy road vehicles without affecting the vehicle vertical ride [153-155]. The results
demonstrated considerable potential of passive interconnected suspensions in enhancing
vehicle roll stability. Ride and handling dynamics of a heavy vehicle involving different
full-vehicle interconnected suspension arrangements have also been investigated based
on a three-dimensional vehicle model [154,156]. Some of the proposed inter-connected
suspension arrangements are shown in Fig. 1.7 [154]. The simulation studies suggest that
a full-vehicle coupled hydro-pneumatic suspension could provide considerable benefit in
realizing enhanced ride and handling performance, as well as improved anti-roll and anti-
pitch properties in a flexible manner.
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Figure 1.7: Full-vehicle interconnected suspension arrangements: (a) hydraulic; (b)
pneumatic; and (c) hybrid [154].

1.2.6 Directional/roll stability dynamics
Articulated frame steer vehicles with their enhanced mobility and manoeuvrability on off-
road terrains are widely used in the agricultural, construction, forestry and mining

24



sectors. These vehicles also operate on paved roads at relatively higher speeds and thus
pose difficult handling and directional performance requirements. Such vehicles are
known to exhibit relatively lower stability thresholds, particularly greater jack-knife and
snaking tendencies, which are attributable to a number of factors [157-159]. These
include the multi-axle vehicle design, large diameter tires and thus high mass centre (cg),
operation on complex terrain conditions, wide range of operating speeds, and large
vehicle load and load variations, in addition to the kinematics and dynamics of the
articulated steering system.

The ASVs also exhibit a strong coupling between the roll and yaw motions, which
could cause yaw divergence leading to a potential rollover in the absence of a corrective
steering action or speed reduction [151]. The vehicle is generally stable in roll when the
lateral acceleration is lower than the rollover threshold, while a yaw instability could
occur at a relatively low lateral accelerations levels at higher speeds [160]. The roll
instability could thus be prevented by limiting the vehicle lateral acceleration, while the
yaw instability may still occur [161]. The ground vehicles employing axle suspensions
exhibit lower rollover threshold compared to unsuspended vehicles, which is attributed to
greater sprung body roll motion and thus the lateral displacement roll moments. The roll
and yaw directional dynamics of the vehicle are further affected by variations in tire loads
due to varying terrain roughness and possible loss of tire-terrain contact [162].

The directional dynamics of road vehicles have been extensively evaluated using
analytical and simulation-based methods [163-169]. While the industrial analysts often
develop complex models to achieve greater accuracy, the academic researchers have put

forward the view that typical industry-used vehicle models are too complex and
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inefficient as design tools [170-172]. An ideal model should be capable of providing the
concerned assessments and design evaluation with an acceptable accuracy with minimal
complexity [172]. However, only a few reported studies could be found on directional
analysis off-road vehicles, particularly the articulated steering vehicles. This is partly
attributed to complexities associated with the dynamic modeling of the ASVs and low
operating speeds of the ASVs. The vast majority of the reported studies on ASVs are
limited to 3-DOF yaw-plane linear models to evaluate the yaw responses of the vehicle,
assuming negligible contributions due to vehicle roll, vertical tire-terrain interactions and
linear stiffness representation of the frame steering [28,29,157-159]. Furthermore, while
a number of roll and yaw directional performance measures have also been defined for
heavy road vehicles for assessing their safety dynamics [173], only a few efforts have
been made on roll stability measures of the off-road vehicles. These are mostly limited to
static slope/cross-slope stability margins for developments in various ROP structures and
rollover early-warning devices [174-176].

Considering the increasing demand for high-speed ASVs, it is essential to develop
comprehensive directional dynamic models of the ASVs. Furthermore, the articulated
frame steer vehicles are known to be inherently directionally unstable and exhibit jack-
knife tendency about the pivot, particularly at higher speeds [158,159]. Some of the
reported studies on the directional dynamic of the ASVs have established that the
hydraulic steering system is the most essential design factor in view of the vehicle
steering responses and stability [158,159]. Apart from the steering of the vehicle, the
kinematics and dynamics of the hydraulic articulated frame steering system play a critical

role in retaining directional stability of the vehicle. This suggests the need to enhance
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understanding of contributions of the kinematics and dynamics of the steering mechanism
behaviour to the directional dynamic responses of the articulated frame steer vehicles.

The articulated frame steering responses are strongly dependent on both the
kinematics and dynamics of the steering system and it’s coupling with the dynamics of
the vehicle. The vast majority of the reported studies on characterization of directional
responses have employed linearized low-order vehicle models together with a simplified
articulated steering model characterized by an equivalent linear torsional stiffness and
damping, while the kinematics properties of the steering mechanism are entirely ignored
[28,29,157-159]. The reported studies have generally investigated three modes of
instabilities namely the ‘Snaking’, ‘Jack-Knife’ and ‘Oversteer’, which have been
observed with articulated frame steer vehicles [157,159]. Crolla and Horton [157]
investigated the steering behavior and directional responses through an eigenvalue
analysis of the 3-DOF linear yaw-plane model of the articulated steer vehicle, while the
steering system was described by linear torsional spring and damping constants, as shown
in Fig. 1.8. The study concluded that snaking and jack-knife types of instabilities could
occur even at low speeds when the steering torsional stiffness is low. A higher torsional
stiffness and damping of the articulated steering was thus suggested for enhanced vehicle
stability limits.

Horton and Crolla [158] further extended the model by replacing the equivalent
torsional stiffness and damping by a linear model of the hydraulic steering system,
although the kinematics of the steering struts and the joint was not considered. The
results showed that an oversteer instability could occur at a speed above 24 m/s, which

would lead to snaking mode as the driver attempts a steering correction, which was
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confirmed through a full vehicle test conducted by Lopatka and Muszynski [27]. The
study also concluded that the stability limits are more sensitive to the steering system

properties, cg positions of the front and rear body, and rear body inertia [27,158,159].

Figure 1.8: A three-DOF linear yaw-plane model of the articulated steer vehicle [159].

He et al. [159] investigated the oversteer jack-knife types of instabilities of an
articulated forestry vehicle using the model reported in [158], and showed that an
oversteer mode could evolve into jack-knife with low torsional stiffness at the
articulation. Azad et al. [29,177,178] used the same 3-DOF planar linear model and a
virtual multi-body dynamic model of the articulated forestry vehicle, as shown in Figs.
1.9 (a) and 1.9 (b), to study the snaking instability of the vehicle. The study concluded
that the rear-mounted load would negatively affect the snaking stability mode of the
vehicle. The reported studies have also shown that an increase in tire lateral force would
yield a moderate stabilizing effect, while the effects of tire longitudinal forces and
aligning moments were negligible [158,177,178].

The above studies have mostly considered yaw-plane models of the vehicle, where
the contributions of roll motions of the articulated units are assumed to be small. A recent

study [30] has developed a three-dimensional multi-body simulation model of an
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articulated wheel loader with an axle suspension to study snaking and roll responses,
while the steering mechanism was represented by equivalent linear stiffness and damping
constants, as in the earlier studies. The results showed a slightly negative effect of axle
suspension on the snaking mode of the vehicle, which could be compensated by a refined
design of the steering system. For a given pulse steering torque, a snaking instability
could occur at speeds above 12.6 km/h, which was strongly influenced by the rear-body
inertia and cg position, where the loaded vehicle with heavy rear-unit is most prone to
snaking instability. The study suggested that an axle suspension would yield improved
ride comfort, while the vehicle directional stability is mostly managed by the design of

the steering system.
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Figure 1.9: (a) Planar models of a forestry skidder [29]; and (b) a multibody model of an
ASYV for stability analysis [21].

The steering response of an ASVs is a nonlinear function of the steering valve flows,
kinematic and dynamic responses of the steering struts, which may not be adequately
reflected by the equivalent linear torsional spring and damping constants that have been
invariably employed in the reported models. Kineto-dynamic analysis, comprising
kinematic motions of the struts and dynamics of the vehicle bodies, is thus vital to

identify desirable design of the steering system for enhancement of the lateral stability of
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the vehicle. The kinematic model of the articulation dampers used in the articulated
highway buses has been investigated by Rakheja et al. [179], which showed that the
additional articulation damping forces, which are strongly dependent on the geometry of
the damper struts, help improve the yaw stability of the articulated freight vehicle and
reduce the side force demand on the tires. Although the study considered linear dampers
at the articulation joint, the dampers configuration was similar to the hydraulic struts of
the articulated frame steering system.

While heavy road vehicles may exhibit a directional instability at relatively high
speeds, the off-road vehicles can undergo roll instability at very low speeds. This is
attributable to tire interactions with rough terrains with relatively large slopes and cross-
slopes. Moreover, uneven sinkages of left and right wheels on deformable terrains could
yield greater sprung mass roll displacement and additional lateral load transfers leading to
a lower roll stability limit. The static slope stability of an ASV could be 13° less when
steered compared to that of the non-steered [30,175]. Hunter [175] summarized the
primary causes of reduced roll and slope stabilities of ASVs as excessive tip angle,
exceeding the static stability limit, high cg position, travelling at high speed over rough
ground, and operations on terrain with steep slopes and cross-slopes. However, a large
number of off-road vehicles tip- and roll-over have been attributed to driver’s
misjudgments [175].

The roll stability of the ASVs is affected by a number of design and operating factors
such as front and rear track widths, cg heights and locations of the front and rear vehicle
bodies, tire stiffness, articulation angle, and suspension spacing and effective roll stiffness

(if employed). It has been shown that the tire stiffness has considerable effects on the
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vehicle roll stability [111], and tires with high vertical stiffness would be desirable. Softer
tires, however, are desirable for enhanced ride comfort and tractive performance on
deformable terrains. This suggests the conflicting requirements on the tire property tuning
and promising potentials of using axle suspensions. A stability triangle for 4-wheel drive
logging machines with a pinned front axle during operation on inclined grounds at low
speeds was defined by Gibson et al. [35]. The study was based on the static analysis using
three support points including rear tires contact points and the front axle pin joint. An
ASV is assumed to be potentially instable when the weight vector of the vehicle
intersects the line forming a side of the defined stability triangle. For a given articulation
angle and orientation of the vehicle on a slope, the slope at which rollover or tip-over
may occur can be estimated based on this measure. The minimum stability point (i.e. the
lowest slope when rollover or tip-over occurs) for a given articulation angle can also be
determined. The stability triangle concept is similar to static stability factor (SSF) defined
for heavy road vehicles, both of which do not consider the compliance of tire and the
suspension system [35,175].

The extensive efforts on directional dynamics of heavy road vehicles have also
evolved a number of safety dynamic measures [180-186]. The reported simulation
models [187-191], the performance measures and the methods could also be applied for
analysis of articulated off-road vehicles. For instance, the overturning roll- and tip-over
potentials of heavy road vehicles have been assessed using three different measures:
Rollover Prevention Energy Reserve (RPER), Rollover Prevention Metric (RPM) and
Critical Sliding Velocity (CSV) [192-194]. The static rollover threshold, however, is most

widely used to assess the steady-turning roll stability of heavy vehicles. The static
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rollover threshold of such vehicles is well below the normal road adhesion factor (0.6-
0.85), the lateral skid of the vehicle is thus not expected prior to a rollover. The roll
instabilities in heavy vehicles are thus generally maneuver-induced. Two different
measures have thus been proposed by El-Gindy [195] for assessing maneuver-induced
rollover potentials: (i) Lateral Load Transfer Ratio (LTR), defined as the ratio of the
absolute value of the difference between the sum of right wheel loads and sum of the left
wheel loads, to the sum of all the wheels loads; and (ii) Rearward Amplification Ratio
(RAR), a frequency dependent measure defined as the ratio of the peak lateral
acceleration at the center of the gravity of the rearmost trailer to that at the cg of the
tractor. Another dynamic measure was further proposed, which describes the effective
damping or decay rate of the lateral acceleration response oscillations of the rearmost
trailer of the articulated vehicle under a pulse steer input [195]. This measure, referred to
as the “Yaw Damping Ratio’ is evaluated at a vehicle speed of 100 km/h, by applying a
half-sine steering pulse of 80° over 0.1s interval. A rearward amplification of 2 or less at
a speed of 88 km/h has been suggested acceptable for articulated vehicles by Winkler et
al. [196].

1.3 Scope and Objective of the Dissertation

From the literature review, it is apparent that the articulated frame steer vehicles transmit
high magnitudes of translational and rotational vibration to the human operator, which
could adversely affect the comfort, performance and the health of the operator.
Furthermore, directional stability limits of such vehicles are considerably lower than the
heavy road vehicles due to their operating environment involving complex terrain

conditions. Despite of complex ride and directional performance of the articulated frame
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steer vehicles, only a few studies have investigated the ride and directional response
characteristics of ASVs. The reported studies have focused either on the ride dynamic
evaluations or on the handling and directional properties. Moreover, the vast majority of
the ride studies are based on field measurements, and the directional response studies are
limited to planar models assuming negligible contributions due to roll motions and
vertical tire interaction with random rough terrains. The tires-interactions with off-road
terrains are most significant in view of both the handling and ride performance of off-
road vehicles. Moreover, the developments in primary suspensions for wheeled off-road
vehicles including ASVs have been lacking due to the complex design challenges
associated with conflicting requirements posed by the ride and roll/directional stability
properties of the vehicle.

Owning to increasing demands for high speed ASVs such as articulated dump trucks,
it is vital to seek promising axle suspension designs for preservation of ride quality, and
comprehensive vehicle models for assessment of both the ride and directional
performance. It is thus desirable to develop integrated ride and handling multi-body
dynamic models incorporating tire interactions with randomly rough terrains and kineto-
dynamics of the frame steering system to facilitate the design of high speed ASVs, and to
identify desirable axle suspension designs to achieve an improved compromise between
the ride and stability limits, which cannot be found in the literatures.

1.3.1 Objectives of the dissertation research
This proposed dissertation research is aimed at development of ride and handling model
of an articulated frame steer vehicle, and an advanced axle suspension design concept,

namely the torsio-elastic suspension, for enhancement of ride and stability performance
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of ASVs. The overall goal of the dissertation research is to develop analytical/simulation

tools for assessment of ride and handling properties of ASVs operating on both the paved

and unpaved terrains. The specific objectives of the proposed dissertation are as follows:

1.

Investigate ride performance potentials of an advanced suspension concept,
namely the torsio-elastic suspension, for applications in ASVs through field
measurements and simulations, and to seek design guidelines for the proposed

suspension through multi-objective optimization;

Develop a comprehensive off-road vehicle ride dynamics model integrating a
three-dimensional adaptive tire model for characterizing tire-terrain interactions
along all the three translational axes considering coherence of the two terrain

tracks;

Formulate a kineto-dynamic model of the frame steering mechanism in
conjunction with a nonlinear yaw-plane model of an articulated dump-truck, and

investigate steering responses and stability limits of the ASVs;

Develop an integrated ride and handling dynamic model of an articulated frame
steer vehicle incorporating kineto-dynamic model of the frame steering
mechanism, axle suspension, tire-terrain interactions and roughness properties of
the two tire tracks for analyses of ride and directional response characteristics of

the vehicle;

Formulate performance indices, and investigate the effects of selected design and
operating parameters on both the ride and directional stability measures so as to
develop essential design guidance for the articulated steering mechanism and axle

suspension.
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1.3.2 Organization of the dissertation-manuscript based format

This dissertation has been written according to the manuscript-based format based on the
requirements described in “Thesis Preparation and Thesis Examination Regulation”
booklet of the School of graduate Studies of Concordia University. This dissertation
research is organized into 6 chapters including a literature review chapter (Chapter 1)
describing systematic developments and analysis in achieving the above-stated
objectives:

Chapter 2 presents systematic developments in ride dynamic modeling of an
articulated off-road vehicle, the axle suspension design, field assessments of the
prototype suspension and ride simulation results. The results obtained during this initial
phase of the study have been published in two different articles, which are listed below:

1. A. Pazooki, D. Cao, S. Rakheja, and P-E. Boileau, “Experimental and Analytical
Evaluations of a Tosio-Elastic Suspension for Off-Road Vehicles”, SAE
International Journal of Materials and Manufacturing, 3 (1), 326-338, 2010.

2. A. Pazooki, D. Cao, S. Rakheja, and P-E. Boileau, “Ride Dynamic Evaluations
and Design Optimization of a Torsio-Elastic Off-Road Vehicle Suspension”,
Journal of Vehicle System Dynamics, 49 (9), 1455-1476, 2011.

These two articles describe torsio-elastic linkage suspension concept to achieve
improved ride performance coupled with high lateral and roll stiffness. Analytical models
of a forestry skidder with and without the torsio-elastic suspension at the rear axle were
formulated assuming negligible contributions of the articulation. The data acquired from
a comprehensive field test program involving a conventional skidder and a skidder
equipped with the prototype suspension were analyzed to identify terrain properties and
the ride characteristics. The data were used to verify the model and derive ride

performance potentials of the prototype suspension. The model was further used to
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identify optimal suspension parameters. For this purpose, a sensitivity analysis is
performed to study the influences of variations in suspension design parameters on the
ride performance evaluated under different operating conditions. The Pareto optimization
based on the genetic algorithm method was further used to identify optimal suspension
parameters in the second article. The second article, published in Journal of Vehicle
System Dynamics, alone is presented in the thesis, which presents a more refined vehicle
model together with suspension optimization.

The limitations of the tire model used in the preliminary model were subsequently
identified. The point-contact tire model, used in the above articles, lacked the tire-ground
interactions in the shear directions and thereby provided poor predictions of longitudinal
and lateral ride performance of the vehicle. The vehicle vibration along the lateral and
longitudinal axes was observed to be quite high, and it became evident that a three-
dimensional tire model would be needed to predict the ride responses along the horizontal
axes. Subsequently, an adaptive contact radial tire model was formulated and coupled
with a lateral force model to incorporate tire interactions with the terrain along all the
three-translational axes. Assuming small side slip angles and contact normal load, the
lateral force developed by the tire was derived considering first order tire dynamics, and
thus the tire lag. The time constant relates to the forward speed and the tire relaxation
length. The three-dimensional tire model was integrated to the vehicle model with and
without the rear axle suspension.The time-history of an equivalent undeformable forestry
terrain was considered to synthesize roughness profiles of the two tire tracks through a
proposed coherence function. This permitted better predictions of the vehicle roll and

lateral ride responses.
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The ride dynamic responses of the model were evaluated under excitations
representing the proposed forestry terrain. The model validity was demonstrated by
comparing the simulation results with the measured data. The ride responses were
obtained for the vehicle model with and without a rear-axle suspension to further
illustrate the ride performance potentials of the torsio-elastic suspension. The ride
vibration response of the vehicle deriver was subsequently assessed on the basis of total
whole-body vibration (WBYV) exposure in accordance with the ISO-2631-1 guidelines
[3]. The results of this segment of the study have been published in the following article,
which is presented in chapter 3.

3. A. Pazooki, S. Rakheja, and D. Cao, “Modeling and Validation of Off-Road
Vehicle Ride Dynamics”, Mechanical Systems and Signal Processing, 28, 679—
695, April 2012.

A yaw-plane model of the vehicle was subsequently developed to study directional
response characteristics of the articulated frame steer vehicle. Owing to the significant
effects of the frame steering design on the vehicle directional stability, a comprehensive
kineto-dynamic model of the steering system was formulated and integrated to the
vehicle model. The model was analyzed to identify yaw stability limits and steering
responses of the vehicle. The model and the simulation results have been presented in the
following article submitted for publication in the International Journal of Vehicle Design.

4. A. Pazooki, S. Rakheja, and D. Cao, “Kineto-Dynamic Directional Response
Analysis of an Articulated Frame Steer Vehicle” Journal of Vehicle System
Design, Ref: 1JVD-38698 (Accepted subject to minor revisions, September
2012).

The above manuscript is presented in chapter 4 of the dissertation. The manuscript

presents a comprehensive kineto-dynamic model of the frame steer system incorporating
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the closed-loop steering valve dynamics and kinematics and dynamics of the steering
struts considering fluid flows through the control valve, leakage flows and fluid
compressibility. The kineto-dynamic model of the frame steering system was integrated
to a nonlinear 3-dof yaw plane model of an articulated dump truck to investigate the
effects of the combined kinematic and dynamic characteristics of the steering system on
the vehicle directional dynamics and stability characteristics. The model also
incorporated the tire-lag effect, as describe in the article in chapter 3. The proposed
kineto-dynamic model of the steering system was validated on the basis of the limited
measured data obtained from Hydrema [235]. The vehicle model integrating the kineto-
dynamic steering system model is then applied to evaluate directional response and yaw
stability limits of the vehicle. The influences of selected steering and vehicle system
parameters on the response measures were further evaluated. The relative stability limits
were identified from the rate of decay of the articulation angle under a pulse steering
input. The results revealed most significant effects of leakage flows, maximum flow rate
and characteristic articulation angle error. The steering value saturation was observed
under abrupt steering inputs, which caused weaving/snaking of the vehicle.

In the final phase of the dissertation research, Chapter 5, a three-dimensional vehicle
model is formulated in order to study integrated ride, roll and directional dynamic
characteristics of the frame steer vehicle. The proposed model integrates the kineto-
dynamic model of the frame steering system to the three-dimensional ride dynamic model
of the vehicle. The model, therefore, permits the coupled ride and handling analysis in the
presence of vertical tire interactions with off-road terrains, and the effects of axle

suspension on both the ride and roll dynamic responses. The model also permits the
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analyses of effects of terrain roughness on directional responses and stability limits of the
vehicle. The study also presents a set of performance measures for relative assessments of
vehicle directional performance, which were established from the measures reported for
heavy road vehicles. Simulations were performed to evaluate ride dynamic responses,
together with the directional responses of the vehicle under different operating
conditions. The model together with the simulation results have been presented in the
following article that has been submitted to the [International Journal Vehicle
Performance.

5. A. Pazooki, S. Rakheja, and D. Cao, “A Three-Dimensional Model of an
Articulated Frame-Steer Vehicle for Coupled Ride and Directional Dynamic
Analyses”, Submitted, October 2012.

The published/submitted manuscripts presented in the thesis have been reformatted,
while the article references have been grouped together are re-numbered. The highlights
of the dissertation research together with the major conclusions and recommendations for

future works are presented in Chapter 6.
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CHAPTER 2

RIDE DYNAMIC EVALUATIONS AND DESIGN OPTIMIZATION
OF A TORSIO-ELASTIC OFF-ROAD VEHICLE SUSPENSION

2.1 Introduction

Wheeled off-road vehicles, employed in forestry, agriculture, mining, construction as
well as military sectors are known to yield comprehensive magnitudes of low frequency
ride vibration of whole-body nature. The logging tractors used for harvesting of trees in
the forestry sectors, commonly known as the skidders, are unsuspended vehicles, which
yield highly complex ride vibration along translational and rotational axes arising from
dynamic interactions of the vehicle with uneven terrains. The whole-body vibration
(WBV) environment of such vehicles exhibits predominance of shocks and jolts,
characterized by high crest factors, particularly along the vertical and lateral axes [137,3].
It has been established that exposure to low frequency WBV derived from skidder’s
operation, may well exceed the fatigue decreased proficiency limits defined in ISO-2631
for all the three translational axes [137]. On the basis of extensive field measurements,
Cation et al. [1] showed that the skidder operators’ vibration exposure exceeds the health
caution guidance zone for a 4-h work day, as defined in the current international standard,
ISO-2631-1[3]. The measured data revealed predominance of shocks, which was
characterized by a high crest factor in the vicinity of 12 in the vertical axis. Neitzel and
Yost [2] further showed that the 8-h equivalent vibration exposure of forestry workers,
including the skidder operators, exceeds the 8-h exposure limit defined by the
Commission of the European Communities [198]. The measured data further suggest that

the WBYV of a forestry skidder tends to dominate in the low frequency range (up to 5 Hz),
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which can be partly attributed to large diameter soft tires with light damping.

Exposure of high intensity and low frequency WBYV has been widely associated with
several musculoskeletal disorders among the human drivers [5,78,83]. Several
epidemiological studies have established strong relation between exposure to WBV and
low back pain (LBP) among the off-road vehicle operators [6,48,57,199,200]. A few
studies have also established high prevalence of LBP among the forestry vehicle
operators [57,199]. Despite the high intensity WBV environment of forestry skidders and
the associated health and safety risks, only limited efforts have been made to control the
transmission of vibration to the human operator. A forestry skidder is directly suspended
on large diameter soft tires, which provide only very light damping. The ride vibration
properties may thus be characterized by the response of a lightly damped mechanical
system. Furthermore, vehicle operations on relatively rough terrains coupled with large
size tires and high location of the operator contribute to high magnitudes of lateral and
fore-and-aft vibration at the operator’s location. Although a number of primary and
secondary suspension designs have evolved for different wheeled off-road vehicles
[20,94,97,106], the implementation in forestry skidders has been mostly limited to low
natural frequency vertical seat suspension [137]. This may be partly attributed to
increased vehicle rollover or tipover risk associated with a primary suspension operating
on forestry highly uneven terrains with considerable grade and cross-grade [201,202].

Suspension seats, designed with low natural frequency in the order of 1.5 Hz and free
travel of £ 5 cm, are generally employed to attenuate vertical vibration in such vehicles
[139,203,204]. The vehicle interactions with rough forest terrains may cause the

suspension seat to exceed its free travel and transmit high intensity vibration or shock
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motions due to end-stop impacts. Furthermore, a few studies have shown that the
suspension seats used in skidders do not offer reductions in vertical vibration [1,107].
These studies also concluded that a vertical suspension seat may amplify the vibration
transmitted to the operators. Alternatively, various concepts in cab suspension have
evolved to attenuate vibration along the translational as well as rotational axes
[103,131,136,205,206]. The vibration isolation performance characteristics of a prototype
skidder cab supported on rubber and hydro-pneumatic mounts, and spring-damper
suspension units have been investigated analytically and experimentally [136]. The study
showed that the low frequency lateral vibration (predominant around 1 Hz) could not be
attenuated by a suspension at the cab. Furthermore, the implementation of a suspension at
the cab was considered to be quite complex in small size forestry vehicles, where the cab
is often welded to the chassis along with the ROP structure.

Alternatively, a number of primary suspension designs have been explored for
agricultural and construction vehicles to achieve improved ride comfort for operators and
reduce stresses in the vehicle structure and components [43,93,94,97,207]. Similar
developments in primary suspensions for forestry skidders have been lacking, which may
be partly attributed to concerns related to reduced roll and lateral stability due to low
natural frequency suspension, the requirements of high roll and pitch stiffness,
complexities associated with implementation of a wheel suspension since the axles are
generally welded to the chassis structure; and extreme variations in the axle loads that
would pose considerable design challenge.

In this chapter (paper), a concept in a torsio-elastic linkage suspension is presented to

achieve improved ride performance coupled with high lateral and roll stiffness. The
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performance potentials of the proposed concept are investigated analytically and through
field measurements of a prototype suspension. The influences of variations in the
suspension design parameters on the ride performance are further presented through a
parametric study and optimal suspension parameters are identified using the Pareto
optimization based on the genetic algorithm method.

2.2 Ride Dynamic Modeling of an Off-Road Skidder

Fig. 2.1 schematically shows a wheeled log skidder with a single articulation. A 3 degree-
of-freedom (DOF) ride dynamic model of the conventional skidder is formulated
assuming constant speed operation and negligible contributions of the articulation
mechanism to the vertical, roll and pitch responses. Considering that the axles are welded
to the vehicle frame, the frame together with the axles and the cabin can be considered as
a rigid mass supported on four tires, which are modeled by linear damped springs with
point contact with the terrain, as illustrated in the pitch and roll-plane models in Fig. 2.2
The equations of motion for the vehicle model subject to terrain excitations at the four

tire-terrain contact points are derived as follows:
4 .

mz +2Fn =0; IYYSHS _WBl[FTl +FT2]+ WBZ[FTS +FT4]: 0
1

IXXS¢.§S+T[FT1+FT3]_T[FT2+FT4]:O (2.1)

Figlire 2.1: Schematic of a wheeled forestry skidder.
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where m;, Iyys and Ixys are the mass, and pitch and roll mass moments of inertia of the
vehicle, respectively. T is the half-track width, assumed to be identical for both axles, and
WB; and WB, are longitudinal coordinates of the front and rear axles with respect to
vehicle center of gravity (cg). z;, 8; and ¢ are vertical, pitch and roll displacements,
respectively, of the sprung mass about a static equilibrium, and F;, = K;,q, + Cq; is the
force developed by tire i (i=1,2,3,4), where K,and C,, are the linear stiffness and
damping coefficients of tire 7, and g, is its deflection, given by:

q, =z, +(=1)WB,0, +(-1)' T, —z,; j=1for i=12; and j=2 for i=3,4. (2.2)

where z;1s the terrain elevation at the interface of tire i.
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Figure 2.2: Pitch- and roll-plane representations of a conventional skidder: (a) Pitch-
plane; (b) Roll-plane, (front axle; front view); and (c) Roll-plane, (rear axle; rear view).
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2.3 Torsio-Elastic Suspension Concept

The torsio-elastic suspension consists of a linkage that is oriented along the vehicle
lateral axis and couples the vehicle body (sprung mass) with the unsprung mass. The
suspension linkage mechanism envelopes two 0.6 m long tubular shafts of elliptical cross
section (43 mm x 38 mm), oriented along the vehicle longitudinal axis, directly coupling
the sprung and unsprung masses through a series of clevises, as illustrated in Fig. 2.3(a).
Each tubular shaft comprises an elastomeric bar reinforced with a 16 mm metallic shaft in
the center. The nominal width of the suspension link is 160 mm, while its length could be

varied depending upon the desired load carrying capacity.

chassis

[Linkage

torsio-elastic
shaft

LINKAGE

Torsio-elastic
Suspension linkage

O (©)
Figure 2.3: The prototype rear-axle torsio-elastic suspension: (a) isometric schematic; (b)
pictorial view; (c) roll-plane illustration of the suspension.
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The torsio-elastic suspension is introduced at the rear axle of the vehicle by
eliminating the rigid coupling between the chassis and the rear axle, while providing high
effective roll stiffness due to restoring moment capability of the torsional shafts. A
pictorial view of the suspension fitted to the rear axle of a skidder is shown in Fig. 2.3(b),
while the suspension with the sprung and unsprung masses in the roll plane is
schematically shown in Fig. 2.3(c). The laterally-oriented linkage suspension undergoes
relative roll motions between the unsprung and sprung masses, which yields a kinematic
advantage and absorption of energy due to torsional deflections of each composite shaft.
In addition, the composite shaft could also undergo radial deflection.

2.4 Development of a Ride Dynamic Vehicle Model with Rear-Axle Suspension

The log skidder, retrofitted with the proposed torsio-elastic suspension at the rear-axle, is
analytically modeled as a 13-DOF dynamic system. Figures 2.4(a) and 2.4(b) illustrate
the pitch and roll planes of the full-vehicle model with the rear-axle suspension,
respectively, while the detailed linkage suspension model is shown in Fig. 2.4(c). The

vehicle body, chassis, cab, and the mounted equipment together with the front axle are
represented by a lumped sprung mass (m.) with four-DOF: vertical (z,), roll (), pitch

(6y), and lateral (y;). The rear axle is represented by a rigid body with three-DOF: vertical
(zur), lateral (v,), and roll (¢,). Each suspension link on the right and left sides is
considered to possess three-DOF motion along the vertical (z3, z4), roll (¢, ¢), and
lateral (3, y,) directions. Each tire is modeled as a parallel combination of linear energy
restoring and dissipative elements, assuming that the tire remains in contact with the
terrain through a point contact model. The torsio-elastic suspension is characterized by its

radial and torsional visco-elastic properties.
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Figure 2.4: Schematic representation of the 13-DOF suspended vehicle model: (a) roll
plane; (b) pitch plane; and (c) torsio-elastic suspension linkage mechanism.
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The radial visco-elastic properties are represented by linear stiffness and damping
elements along the vertical (k., c:) and lateral (k,, ¢,) axes, while the torsional properties
are characterized by linear torsional stiffness and damping coefficients (k, c¢;). The
equations of motion for the vehicle model subject to terrain excitations at the four tire-

terrain contacts points are formulated as follows:

2 4
mz, +Z Z +Z Z A
i=1 i=3

2
];ocséjiv+Ma4s+M93x_(Fz4_ th TF F) ZFTYi(h+hl+R)=O
i=l1

. 4 2
I)”YSHS + ZinWBz _ZFTiWBl =0

i=3

4
m,,z ur+zFTl 2 ziu = My Yy — z ylu+zFTYi=0

=3
L.é, +(F,—F,,)r [ RFpy, + F by = Fo (L + L)~ My, = My, =0
myZy+F3, —F3=0; MyZy+Fo g, —F4 =0
L0+ (F, +F )LZO ~M,, +M,, =0; 1,6, +(F,, +F. )3) -M,, +M,, =0
m3y3+Fys, —Fy3 =0; MyYy+ Fyg, —Fyg =0 (2.3)

wherel'yxs and I'yys are roll and pitch mass moments of inertia of the sprung mass,
respectively. I, I3 and I, are the roll mass moments of inertia due to rear axle, and right
and left suspension links, respectively. The geometric parameters Ly, L;, R, h and h; are
illustrated in Fig. 2.4 In the above equations, subscripts “3” and “4” of the forces or
moments refer to those developed by the right- and left-suspension units, respectively. F.4
and F’; are vertical forces acting on the sprung mass developed due to left- and right-axle

suspensions, respectively. F.3, and F., are the corresponding forces acting at the
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unsprung mass attachments. (F)3, Fy4) and (F)3., Fyu4) are the lateral forces acting on the
sprung and unsprung masses, respectively, due to radial stiffness and damping properties
of the torsio-elastic suspension, and (Mpg;zs, Meys) and (Mepz,, Mpy,) are the respective roll
moments acting on the sprung and unsprung masses. Fry (i=1,...,4) are lateral forces
developed at the tire-terrain interfaces. The forces and the moments developed due to the
tire and suspensions are described in details in the Appendix 2-A.

The coupled differential equations of motion of the 13-DOF skidder model can be

expressed in the following matrix form:
M 1igi+[Chaj+ K Rai=[C Jgo 1+ (K ao} 24)

where [M], [C] and [K] are (13x13) mass, damping and stiffness matrices, respectively,

and [Cr] and [KF] are (13%x4) forced damping and stiffness matrices. {g} and {q,} are the

vectors of generalized and excitation coordinates, given by:

!

{q}: {Zs’¢S’ys’gs’Zur’¢ur7yur7z3’037)/3’24’94’)}4}

!

{qo}z {Zma Z025203> 204}

(2.5)

‘6"’

The superscript in the above equations denotes the transpose. The equations of
motion of the 3-DOF unsuspended vehicle can also be presented in the matrix form of
Eq. (2.4), where the generalized coordinate vector is {q}={zs, s, ¢}".

2.5 Field Measurements of Vehicle Ride Vibration Responses

Field tests were performed to measure and compare the ride vibration characteristics of a
conventional unsuspended skidder and a skidder fitted with the proposed torsio-elastic
suspension at the rear axle. The two vehicles (TREE FARMER C6D) were identical in all

respects except for the rear-axle suspension. Both the vehicles employed a cushioned seat

without a suspension and were instrumented to measure the vibration responses at the
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cabin floor along the vertical, fore-aft, lateral, roll and pitch directions during the
transport operation under loaded and unloaded conditions. The measured data were
analyzed to obtain relative ride properties of the suspended and unsuspended vehicles.
The data acquired with the unsuspended vehicle were further applied to obtain an
estimate of the terrain properties, while those with the suspended vehicle were used to
examine validity of the 13-DOF ride dynamic model and to assess the potential ride
benefits of the proposed suspension.

2.6 Measurement Methods and Data Analyses

A total of six accelerometers were installed on the cabin floor of each vehicle to measure
vibration responses along the fore-aft (x), lateral (y), vertical (z), roll (@) and pitch (6)
axes. Fig. 2.5 illustrates a schematic of the accelerometers located at the cab floor,
together with the distances between the various accelerometers. One accelerometer was
mounted beneath the driver seat to capture vertical vibration near the driver seat,
indicated as “4”. Three accelerometers, “1”, “2” and “3”, oriented along x, y and z-axes,
respectively, were installed at rear-left of the cabin, and two single-axis accelerometers
were mounted at the front-left, “5”, and front-right, “6”, of the cabin at the floor level.
The roll and pitch acceleration response characteristics of each vehicle were derived from
the measured vertical accelerations using kinematic relations, while assuming small
angular motions and negligible contribution due to structure flexibility, such that:

¢ = ZSL;% ; and 6, = Zz’L;ZS (2.6)
where ¢, and 8, are roll and pitch accelerations of the vehicle cabin, respectively, and Zs,
Ze¢ and Zz are vertical accelerations measured at locations 5, 6 and 3, respectively, as

shown in Fig. 2.5 The lateral spacing between accelerometers 5 and 6 is denoted by B,
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and L, is longitudinal spacing between accelerometers 3 and 5.

It should be noted that measurements of vibration levels at the operator seat were not
attempted, since such vehicles may employ widely different types of seats with or
without a suspension. The vibration transmitted to the driver’s seat, however, was
evaluated for exposure assessment. For this purpose, the fore-aft (X,,o) and lateral (Vo)
acceleration levels at the driver-seat interface were estimated from those measured at the
cab floor, assuming small rotations and negligible effects of the seat cushion, such that:

f,0=%-h0; and 3, =7,+hg, 2.7)
where 4 is the seat height from the cabin floor, and ¥; and y, are the longitudinal and
lateral accelerations measured at the cab floor using accelerometers 1 and 2, respectively
(Fig. 2.5). Although the seat cushion was expected to influence the cab floor vibration
transmitted to the operator, particularly at frequencies above 3 Hz, the vertical

acceleration (Z,), measured beneath the seat, was considered for the exposure assessment,

such that Z,,g = Z,, where Z,,, is the vertical acceleration at the operator-seat interface.

seatbase seat
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Figure 2.5: Locations of accelerometers on the cabin floor: “1”, “2”and “3”, oriented
along the x, y and z -axes at the rear-left, respectively; “4” at the seat base along z -axes;
“5” front-left along z -axes; and “6” front-right along z -axes.

The measurements were performed while the two vehicles were driven in a forest in

Eastern Quebec (Canada) by the same driver. The driver was advised to operate the
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vehicle at a steady speed near 5 km/h, and the accelerometers signals were acquired in a
multi-channel data recorder. The measurements were acquired while the vehicles were
driven forward along the selected trails and return to the start location. The duration of
each measurement ranged from 5 to 15 minutes. The measured signals were manipulated
to compute the roll and pitch accelerations of the cabin using Eq. (2.6), and the
acceleration responses at the seat (X,,0, Vo> Zmo) using Eq. (2.7). The time histories of
the resulting acceleration signals were subsequently analyzed using a multi-channel
signal analyzer to derive power spectral density (PSD) spectra of accelerations along the
fore-aft, lateral and vertical-axes at the seat, and along the fore-aft, lateral, vertical, roll
and pitch axes at the cab floor.

The spectra were evaluated using a bandwidth of 100 Hz and frequency resolution of
0.125 Hz considering a 75% overlap. The overall unweighted and frequency-weighted
rms accelerations at the seat were also obtained for relative ride assessments of the
suspended and unsuspended vehicles. The frequency-weighted rms accelerations were
computed using the W;—, W, and W.—weighting filters defined in ISO-2631-1 [3] for
vertical, horizontal and angular accelerations, respectively.

2.7 Response Analyses of the Vehicle Model

The coupled differential equations of motion for the 3-DOF and 13-DOF models of the
conventional and suspended vehicle models, respectively, were solved in the frequency-
domain to obtain ride vibration responses at the operator seat and cab floor. The spectral
densities of the generalized response coordinates could be derived from the complex

frequency response function of the models, such that:

[SGo)=[H(jo)IS,(jo)[H(jo)] (2.8)
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where [H(jw)] is the (3x4) and (13x4) complex transfer function matrices of the

[IE 33

conventional and suspended vehicle models, respectively. The superscript denotes
the transposed complex conjugate of the transfer function matrix. In the above equation,
[SGw)] is the spectral density matrix of the generalized response coordinates, and

[Si(jw)] is the (4x4) matrix of the spectral density of elevations at the four tire-terrain

interfaces, given by:

1 e—ia) 7 e—ia) 7y e—iw(r¢+1’9)
oz 1 —ia(7,-79) v
. e e
[Si (]a))] =0 o, iw(T(/; -74) —iw 7 (2-9)
e e 1 e
eiw(r¢ +74) eiw 7 e’i(” ] 1

where ¢ is the amplitude of the terrain elevation, which is related to the vehicle speed U
and the spatial PSD of the terrain roughness G#(£2) as a function of the spatial frequency
Q of the terrain profile, such that: 6(w) = G;(Q)/U. 14 defines the correlation between
the front and rear wheels in the pitch plane, and 74 describes the correlation between the
right- and left- wheels in the roll plane. The correlation between the front and rear wheels
excitation can be expressed as a function of the vehicle speed and the wheelbase [208],
such that: g = WB/U.

The roll excitation due to unevenness of the two tracks of the terrain is estimated by

generating a randomly distributed cross-slope function in the following manner:

7 =2T(0.5-md) (2.10)
where rnd is a Gaussian random number generated between 0 and 1. The random cross-
slope is expressed in terms of an equivalent time delay between the right- and left-wheels
in a manner similar to that described for the front- and rear-axle wheels, such that:
T4 = x/U.
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The response characteristics at the driver-seat location (Xgq, Vo, Zso) are evaluated
using the coordinate transformations. The frequency response transfer function matrix
relating displacement responses at the seat (xy, Vso, Zso, G0, o) to the generalized
coordinates is formulated as:

[Hso )] = [RI[H(jw)] 2.11)
where [R] is (5%3) or (5%13) coordinate transformation matrix relating the generalized
coordinates with those at the operator seat for the conventional and suspended vehicle
models, respectively. [Hgo(jw)] is the (5x4) frequency response function matrix relating
the response vector at the seat to the excitation coordinates. The PSD of displacement

responses at the seat can be subsequently evaluated from:

[Sio(j@)] =[H ,(jOLS,(jo)[H ()] (2.12)
where [SSO (jw)] is the (5%5) matrix of PSD of displacement responses at the seat. The PSD
of acceleration response at the seat [Séy(jw)] is subsequently computed from:

[S5,(j@)] = @' [S(jw)] (2.13)
2.8 Estimation of an Equivalent Terrain Profile
The analysis of ride dynamic model of the forestry skidder requires characterization of
roughness properties of the forestry terrain. Although the surface roughness properties of
various undeformable off-road terrains have been characterized and expressed by
regression models in many studies [130-132], a description of a forestry terrain could not
be found. Furthermore, the surface roughness of a forestry terrain may vary with local
soil properties and number of passes of the vehicle [127, 128]. In this study, roughness of
the forestry terrain is estimated from the measured responses of the unsuspended vehicle

in conjunction with its 3-DOF model. For this purpose, the 3-DOF vehicle model was
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initially analyzed by considering a random terrain excitation derived from a roughness
model of the form [114]:

G,(=a,Q”, a >0and >0 (2.14)
where constants «, and £ are the roughness coefficient and waviness of the terrain,
respectively, which are generally identified from measured roughness profiles. The
temporal frequency of the terrain excitation is computed from f=QU. The constants o,
and f were identified from the measured responses of the conventional skidder. For this
purpose, a minimization problem was formulated to minimize sum of squared normalized
errors between the model and the measured responses at the vehicle cg at several discrete

frequencies, such that:

2 2

Re(S“(Ll))—'z;.JZ+ Re(s'(2.2))-6. | [ Rels*(3)-4
0 ]

d@%m={ (2.15)

where ¢ is the error function corresponding to a discrete circular frequency .
S%(i,i);i =1,2,3 are the vertical, pitch and roll acceleration responses of the
unsuspended vehicle model, respectively.

In the error function, Z. refers to the measured vertical acceleration transformed to the
vehicle cg, which is estimated from the measured vertical acceleration beneath the seat
(%4), and measured roll (¢,) and pitch (6,) accelerations of the cabin:

Zo=2,+10 +19, (2.16)
where /; and /, are longitudinal and lateral distances between the vehicle cg and the seat
base, respectively, as shown in Fig. 2.2.

The minimization problem was solved at 150 different discrete frequencies of
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excitation in the 0.375 to 25 Hz range using Matlab optimization toolbox [210], assuming
a constant forward speed of 5 km/h. The starting values of parameters were taken as those
for a plowed field (0,=6.5%x10; [=1.6) [114]. The solutions were also attempted for
different starting values, which converged to very similar values of the parameter vector
at each frequency. The solutions of the minimization problem provided the parameter
vector values corresponding to each discrete frequency, which showed considerable
variation with the frequency. The identified coefficients were subsequently applied to the
roughness model in Eq. (2.14) to determine terrain roughness in terms of spatial PSD of
the profile, GA€). Fig. 2.6 illustrates variations in spatial PSD as a function of the spatial
frequency Q. The results clearly show considerable scatter in the spatial PSD data. A
power regression function of the form, defined in Eq. (2.14), was subsequently fitted to
the data to obtain estimates of the probable roughness coefficients, which resulted in the

following roughness model with a correlation coefficient (+°) value of 0.6425.

G,(Q)=1x107"Q "7 (2.17)
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Figure 2.6: Spatial spectral density of terrain elevation identified from measured data at
various discrete frequencies and the power regression curve (1°=0.6425).
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The above roughness model of the forestry terrain may be considered to represent
roughness profile of an equivalent undeformable terrain. The identified roughness model
coefficient and the roughness profile are compared with those reported for the plowed
field and pasture [114], and the MVEE (Military Vehicle Engineering & Establishment)
random course [131, 132], in Table 2.1 and Fig. 2.7, respectively. The comparisons
suggest lower roughness of the forestry terrain compared to the profiles considered,
particularly corresponding to the lower wave numbers. This may also be attributed to
relatively soft forestry terrain since the measurements were performed during late fall
season. The waviness of the forestry terrain, however, is quite comparable to those of the
plowed field and the pasture.
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Figure 2.7: Comparisons of roughness profiles of some of the off-road terrains with that
estimated for the forestry terrain.

Table 2.1: Comparisons of roughness model coefficients (a,, f) with those reported for
some of the off-road terrains [114,131,132].

Terrain a, p
Plowed 6.50x10™ 1.60
Pasture 3.00x10™ 1.60
MVEE 3.16x10™ 227
Present Study 1.00x10™ 1.76
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2.9 Results and Discussions

The measured vibration responses of both the suspended and unsuspended vehicles were
compared to assess effectiveness of the proposed torsio-elastic suspension in reducing
transmission of terrain-induced vibration to the cabin and the human driver’s location.
The responses were evaluated in terms of power spectral densities of accelerations,
overall rms accelerations along all the axes, as well as 8-hour energy frequency-weighted
acceleration [3, 202]. Fig. 2.8 compares PSD of accelerations measured at the cabin floor
of both the suspended and unsuspended loaded vehicles along the fore-aft, lateral,
vertical, pitch and roll axes. The results suggest that the predominant fore-aft and lateral
vibration occur at frequencies near or slightly below 1 Hz, which are attributable to the
pitch and roll modes resonances, respectively. For both the vehicles, the roll, pitch, and
vertical acceleration peaks occur near the respective resonance frequencies of 1.0 Hz, 0.9
Hz and 1.6-2.1 Hz range, respectively. Although the resonance frequencies of both the
vehicles appear to be quite comparable, the suspended vehicle yields significantly lower
magnitudes of vibration in all the axes when compared to those of the unsuspended
vehicle.

The potential benefits of the proposed torsio-elastic suspension were also evaluated
from the overall unweighted and weighted acceleration responses, computed in the 0.5-20
Hz frequency range, and the 8-hour energy frequency-weighted acceleration. The
frequency-weighted rms accelerations along the x-, y- and z-axis at the driver’s location
were evaluated through applications of the appropriate weighting functions defined in
ISO-2631-1 [3]. The total WBV exposure was also evaluated in terms of vector

summation of the weighted accelerations along the three translational axes, such that:
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a, = \(K2a2, +k2a’, +a2,) (2.18)

Gy TRLA,,
where a,x and a,, are W;-weighted rms fore-aft and lateral accelerations, respectively,
and a,. is the W;-weighted rms vertical acceleration. The constants k. and k, are
additional weightings used to account for human sensitivity to horizontal vibration, as
recommended in ISO-2631-1 [3]. Eight-hour energy equivalent frequency-weighted
acceleration A4(8) is also computed in accordance with the exposure assessment

guidelines of EC [202], which is computed from:

T,
A®)=a, \/;O (2.19)

where T is the reference duration of 8 hours and 7, is the average daily exposure
duration. In this study, the average daily exposure duration is taken as 4 hours on the
basis of the information attained from the Forestry Engineering Research Institute of
Canada [211].

Table 2.2 summarizes the unweighted and frequency-weighted rms accelerations
along each axis of the suspended and unsuspended vehicles with and without the load.
The Table also presents the total exposure a, and 4(8) values. The results show that the
torsio-elastic suspension could significantly decrease the vibration exposure levels in all
the directions. The suspended vehicle yields 35%, 43% and 57% lower frequency-
weighted rms accelerations in x-, y- and z-axis, respectively, compared to the
unsuspended vehicle, when loaded. The suspended vehicle, however, exhibits relatively
higher unweighted pitch and roll vibration, when unloaded, while the unweighted rms
accelerations along the x, y, and z directions are 44%, 27% and 45% lower, respectively,

compared to those of the unsuspended vehicle. The higher pitch response of the
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suspended vehicle is attributed to the pitch dynamic response of the vehicle with a
relatively soft suspension at its rear axle. This phenomenon has been illustrated by Cao et
al. [212]. The results further show that the weighted magnitudes of horizontal vibration
transmitted to the operator location are either comparable to or exceed vertical vibration
magnitude. The results also suggest that both the a, and A4(8) values for the suspended
vehicle are 41% and 37% lower than those of the unsuspended vehicle under the loaded
and no-loaded conditions, respectively. The results thus suggest that the proposed torsio-
elastic suspension could offer considerable benefits in reducing the WBV exposure of the
vehicle operators.
Table 2.2: Comparisons of unweighted and frequency-weighted rms accelerations along

individual axes, the overall rms acceleration and 8-hour energy equivalent values of the
suspended and unsuspended vehicles with/without load at the driver location.

Axis Unweighted rms acceleration, m/s’ Frequency-weighted rms acceleration, m/s’
Loaded Unloaded Loaded Unloaded

Unsusp  Susp. Unsusp. Susp. Unsusp. Susp. Unsusp. Susp.
X 1.39 0.85 1.59 0.89 1.16 0.75 1.43 0.78
y 2.12 1.26 1.79 1.30 1.67 0.95 1.52 1.07
z 2.34 1.00 1.83 1.00 1.41 0.60 1.12 0.62
0 1.01 0.74 0.70 0.82 0.72 0.52 0.46 0.43
) 2.01 0.79 1.10 0.87 1.53 0.56 0.75 0.44
a, 3.03 1.80 3.13 1.96
A(8) 2.14 1.27 2.21 1.40

2.9.1 Vehicle model validation
Validity of the 13-DOF ride dynamic model was examined using the field-measured data
corresponding to the unloaded case, which could serve as a design tool for deriving an
optimal suspension design. The ride dynamic responses of the vehicle model were obtained
under terrain excitation defined in Egs. (2.9) and (2.17), assuming a constant vehicle speed
of 5 km/h, which is identical to that used for the field measurements. The simulation
parameters of the vehicle model are summarized in Table 2.3, which were obtained partly

from the data sheets provided by the manufacturers, and partly estimated from the

60



measured natural frequencies of the vehicle [213].

The results obtained from the eigenvalue problem for the vehicle model revealed
vertical, pitch and roll mode resonance frequencies of the sprung mass near 2 Hz, 1.1 Hz
and 0.9 Hz, which are quite close to the frequencies corresponding to the peaks in the
measured acceleration spectra (Fig. 2.8), while the resonant frequencies of the unsprung
mass and the suspension linkage mechanisms were significantly higher. The ride vibration
responses of the vehicle model near the operator seat were subsequently obtained in terms
of acceleration PSD and the rms values.

Table 2.3: Simulation parameters

Parameter Value Parameter Value
My 8016 kg k. 185 kN/m
m; 42.6 kg k, 185 kN/m
my 42.6 kg k; 125kNm/rad
My 1500 kg C. 4000 Nm.s/rad
T'exs 10495 kgm’ ¢, 4000 Ns/m
I'yys 16353 kgm’ ¢ 3500 Ns/m
I 3500 kgm’ Ky i=1,...,4 340 kN/m
I 3500 kgm’ Cp i=1,...4 1935 Ns/m
WB 313m Kry, i=1,2 256.2 kN/m
WB, 1.23 m Kry, i=3,4 316.2 kN/m
WB, 1.9m Cry, i=1,....4 1800 Ns/m
T 1.25m h+h; 0.8 m
R 0.8m L, 0.0 m
[N 0.291 m Ly 0.16 m

The response acceleration spectra obtained along the vertical, pitch and roll axes are
compared with those of the measured data in Fig. 2.9. The comparisons along the fore-aft
and lateral axes, however, were not attempted due to simplifying assumption of constant
forward speed, negligible articulation forces and lack of consideration of the tire-terrain
interactions in the fore-aft direction. It should be noted that the spectra of the measured
accelerations are quite smooth in relation with those derived from the model responses, as

seen in Fig. 2.9. This is attributed to the number of averages performed and signal overlap
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used during processing of the measured data. While the results suggest comparable trends

between the model responses and the measured spectra, considerable deviations are also

evident.
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Figure 2.8: Comparisons of measured acceleration PSD responses at the cab floor of the
suspended and unsuspended vehicles: (a) fore-aft; (b) lateral; (c) vertical; (d) pitch; and
(e) roll.

The model responses exhibit significant troughs near 2 Hz and at higher frequencies,
which are attributed to the wheelbase filtering effect [212,214,215]. The deviation in the
responses are also attributable to various simplifying modeling assumptions, particularly

the consideration of negligible contributions due to articulation forces and moments,

absence of wheel hop, and linear tire and suspension properties. Despite the observed
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deviations, the results in general suggest reasonably good validity of the model for
predicting vertical, roll and pitch ride responses of the sprung mass. The model may thus
be considered applicable for identifying desirable suspension design parameters for
enhanced attenuation of the terrain-induced whole-body vibration.
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Figure 2.9: Comparisons of acceleration PSD responses of the suspended vehicle model
with those of the measured data: (a) vertical; (b) pitch; and (c) roll.

The ride dynamic responses of the model were further evaluated in terms of
unweighted and frequency-weighted vertical, roll and pitch rms accelerations. The
computed values of the rms accelerations are compared with those derived from the
measured data of the suspended vehicle corresponding to the unloaded condition in Table
2.4. The results presented in Table 2.4 suggest good correlations between the frequency-
weighted acceleration values of the model and the measured data in the pitch and roll
axes. Considerable discrepancy, however, is observed in the vertical acceleration values.

Higher vertical acceleration response of the model at frequencies above 3 Hz (Fig. 2.9),
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where the magnitude of W;-weighting is relatively larger, contributed to higher
frequency-weighted rms value. This is evident from relatively smaller difference in the
unweighted vertical acceleration values. The results also illustrate considerably higher
values of the unweighted roll and pitch accelerations compared to the weighted values.
This is mostly attributed to the properties of the W -weighting. Considering the promising
potentials of the suspension concept, further efforts would be desirable to formulate a
more reliable model so as to derive an optimal suspension design for different classes of
off-road vehicles.

Table 2.4: Comparisons of weighted and unweighted rms accelerations of the suspended
vehicle model with the corresponding measured values.

Axi Unweighted rms accelerations Frequency-weighted rms accelerations
Xis
Model Measured  %Deviation Model Measured  %Deviation
z 1.28 1.00 28.0 0.98 0.62 58.0
0 0.77 0.82 -6.1 0.41 0.43 -3.2
¢ 1.01 0.87 14.5 0.49 0.44 10.6

2.9.2 Sensitivity analysis and optimization of the torsio-elastic suspension design

Ride performance potentials of the proposed toriso-elastic suspension would be
dependent on a number of vehicle design and operating parameters. The stiffness
properties and geometry of the torsio-elastic suspension would also affect the load
carrying capacity of the suspension. The potential performance benefits of the torsio-
elastic suspension are thus further explored through a sensitivity analysis of the ride
responses to variations in suspension parameters, namely the linkage length L, and
stiffness (k,, k., k) and damping (c,, c., ¢,) properties of the torsio-elastic suspension,
while assuming constant forward speed of 5 km/h and unloaded condition. The results

attained are used to formulate an optimization problem in an attempt to seek an optimal
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design of the proposed torsio-elastic suspension. Each parameter was varied by +50%
about the nominal value, and the responses were obtained in terms of unweighted and
frequency-weighted vertical, pitch and roll rms accelerations. The results revealed nearly
negligible effect of the linkage length on the acceleration responses. The influences of
variations in stiffness and damping parameters alone on the rms values are thus presented
in Table 2.5.

Table 2.5: Influences of variations in torsio-elastic suspension stiffness and damping
properties on the weighted and unweighted rms acceleration responses of the model.

Unweighted rms acceleration Weighted rms acceleration

Parameters

z 0 ¢ z 0 ¢

Nominal value 1.28 0.77 1.71 0.98 0.41 0.49
K -50% 1.21 0.67 1.72 0.95 0.34 0.49
z +50% 1.40 0.88 1.70 1.05 0.48 0.49
k -50% 1.28 0.77 1.69 0.98 0.41 0.48
4 +50% 1.28 0.77 1.73 0.98 0.41 0.49
i -50% 1.28 0.77 1.76 0.98 0.41 0.50
! +50% 1.28 0.77 1.65 0.98 0.41 0.46
. -50% 1.36 0.89 1.71 0.99 0.52 0.49
‘ +50% 1.26 0.72 1.71 0.98 0.37 0.49
c -50% 1.28 0.77 1.73 0.98 0.41 0.50
Y +50% 1.28 0.77 1.70 0.98 0.41 0.48
. -50% 1.28 0.77 1.74 0.98 0.41 0.50
! +50% 1.28 0.77 1.68 0.98 0.41 0.48

The results show that both the frequency-weighted and unweighted vertical and pitch
rms accelerations are strongly affected by the suspension vertical stiffness. An increase in
the pitch and vertical mode resonance frequencies caused by higher vertical stiffness as
well as coupling between vertical and pitch modes resulted in higher frequency-weighted
and unweighted vertical and pitch accelerations. Variations in the vertical stiffness,
however, do not influence the WW,-weighted and unweighted roll accelerations, suggesting

that vertical and roll modes of the vehicle are mostly decoupled. While the lateral
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stiffness variations yield only slight effect on the W,-weighted roll acceleration, a lower
value of torsional stiffness yields higher values of unweighted and W,-weighted roll
acceleration magnitudes. This influence is greater for the unweighted roll response and is
most likely caused by the properties of the W,-weighting. The roll response is mostly
affected by the torsional stiffness coefficient, while the effect of lateral stiffness is very
small. While light damping of the torsio-elastic members may not yield important
influences on the ride vibration responses, both the weighted and unweighted vertical and
pitch accelerations tend to increase with lower vertical damping of the torsio-elastic
member. A decrease in ¢, and ¢, results in slightly higher roll rms acceleration values. The
results suggest that a suspension design with lower vertical and lateral stiffness, and
higher torsional stiffness would yield lower overall weighted and unweighted rms
acceleration magnitudes. Higher values of vertical damping coefficients would also be
desirable, while the effects of ¢, and ¢, are relatively small.

2.9.3 Optimization variables and objective functions

A design optimization is undertaken to seek optimal torsio-elastic suspension parameters
using the Pareto technique based on the Genetic Algorithm (GA) [216]. The W;-weighted
and unweighted rms vertical accelerations, (a,., a.), W.-weighted and unweighted rms
pitch and roll accelerations, (awe, as) and (a.g, ay), are selected as the objective functions
to be minimized. The results attained from the sensitivity analysis revealed that the rms
acceleration responses are mostly influenced by the vertical, lateral and torsional
stiffness, and the vertical damping coefficients. Two objective functions are thus
formulated to seek minimal weighted and unweighted rms accelerations, respectively,

with parameter design vector X= { k,, k., k;, c. }, such that:
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F,(X)=Ka,. (X)+Kya,,X)+Ka,,(X)
FX)=Ka (X)+Kay(X)+Kya,(X)

(2.20)

where F),(X) and F(X) are the weighted and unweighted rms acceleration functions, and K,

3
K> and Kj; are the weighting factors such that Z K, =1. The minimization function F,(X)

i=1

also accounts for the human sensitivity to vibration as reflected by the weighting functions.
The solutions of the above minimization functions for vehicle suspensions generally
converge towards lower stiffness values, which may tend to result in reduced load carrying
capacity and roll stability limits, and greater relative deflections of the sprung mass with
respect to the unsprung masses. Although the kinematic effect of the proposed suspension
is expected to inhibit the relative deflection, limit constraints are introduced in order to seek
solutions within practical ranges, such that:

30<k, <300 kN/m; 70< k. <300 kN/m; 50< k; <250 kNm/rad; and 3< c. <9 kN.s/m.

The solutions of the minimization problems were obtained in terms of sets of Pareto
optimal solutions. As an example, Fig. 2.10 illustrates the various Pareto optimal
solutions in terms of the weighted acceleration values. The optimal solutions in weighted
vertical, roll, and pitch accelerations suggest a positive correlation between a,» and a,,.
attributed to greater coupling between the vertical and pitch modes. Fig. 2.10(a),
however, suggests a weaker coupling between roll and vertical accelerations, while the
coupling between roll and pitch responses is negligible, as seen in Fig. 2.10(c). Similar
trends in optimal Pareto solutions were also observed for the unweighted rms
accelerations. These solutions were subsequently explored to identify a design
compromise that would yield minimal values of the multi-objective functions, defined in

Eq. (2.20), using different combinations of the weighing factors. The results revealed
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nearly negligible effect of the roll acceleration weighting (K3), as expected due to its

relatively lower coupling with the vertical and pitch responses. The optimal solution and

the corresponding design parameters were thus identified by placing greater weighting

for a,. (K;=0.5 to 0.7) and a,y (K,=0.2 to 0.4). The combination (K;=0.6, K,=0.3,

K;3=0.1) resulted in minimal values of the vertical, pitch and roll acceleration responses,

which resulted in the follows optimal design vectors:

X={k,k, k, c. }={91.8, 71.3, 204.8, 8.3 }; for the weighted function.

X={k,k;, ky, c. }={36.4, 73.3, 187.5, 6.3 }; for the unweighted function.
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Figure 2.10: Pareto optimal solutions for weighted accelerations responses: (a) roll vs

vertical acceleration; (b) pitch vs vertical acceleration; (c) pitch vs roll acceleration.

The above results show comparable values of the suspension parameters for both the

minimization functions, except for the values of k,. The minimization of weighted

68

11



function converged towards a considerable greater value of k, compared to that for the
unweighted function. The minimization of the weighted values in roll tends to converge
towards a higher value of k, in order to achieve roll mode frequency well above the
dominant frequency range of the W,-filter (1-2 Hz). The resulting optimal solutions in
terms of both the weighted and unweighted rms accelerations and the design parameters
are summarized in Table 2.6.

Table 2.6: Optimal values of the acceleration responses.

Axis| Unweighted rms acceleration (m/s”) Weighted rms acceleration (m/s”)
Nominal optimal % change| Nominal optimal % change
z 1.28 1.21 -5.46 0.98 0.93 -5.10
0 0.77 0.62 -19.48 0.41 0.32 -21.95
¢ 1.71 1.65 -3.51 0.49 0.46 -6.12

The results in Table 2.6 show that the optimal suspension design yields considerably
lower values of a,»and ay compared to those of the model with nominal parameters, while
the reductions in vertical (a,., a:) and roll (a4, ag) acceleration values are relatively small,
ranging from roughly 3.5 to 6%. The relative deflection responses of the sprung mass with
respect to the rear axle were further evaluated to study the effects of optimal parameters on
the vertical and roll deflections. The results revealed relatively higher relative deflections
of the optimal suspension compared to the nominal suspension parameters, although the
increases were considered could be small. The rms vertical relative deflection of the model
with optimal suspension was 4.8 cm compared to 4.0 cm for the nominal suspension model.
2.10 Conclusions
The ride performance potentials of a novel torsio-elastic suspension were investigated for a
forestry vehicle through field assessments and simulations of a ride dynamic model. The

results attained from the field measurements revealed significant benefits of the rear axle
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torsio-elastic suspension in reducing the operator vibration exposure. In the loaded case,
the suspended vehicle resulted in 35%, 43% and 57% reductions in the frequency-weighted
rms accelerations along the x-, y- and z-axis, respectively, compared to the unsuspended
vehicle. The suspended vehicle, however, revealed slightly higher unweighted pitch and
roll rms accelerations, when unloaded, while the unweighted rms accelerations along the x-,
y- and z-axis were 44%, 27% and 45% lower, respectively, compared to those of the
unsuspended vehicle. The results further showed that the magnitudes of horizontal
vibration transmitted to the operator’s station were either comparable to or exceeded the
vertical vibration magnitude. While the ride model responses agreed reasonably well with
the measured responses in vertical, roll and pitch axes, the model could not be applied to
predict fore-aft and lateral ride responses due to various simplifying assumptions, namely
constant forward speed, negligible contributions due to articulation forces and moments,
and lack of tire-terrain interaction in the shear axes.

The results obtained from sensitivity suggested that a suspension design with lower
vertical and lateral stiffness but higher torsional stiffness would yield lower overall
unweighted and weighted rms acceleration magnitudes. The results also suggested strong
coupling between vertical and pitch mode responses, but negligible coupling between the
pitch and roll modes of the vehicle. The optimal suspension parameters identified from
solutions of a multi-objective minimization problem resulted in further considerable
reductions in the pitch rms accelerations in the order of 20%, with only 3.5 to 6%
reductions in vertical and roll accelerations. Considering the notable performance benefits
of the proposed suspension, it would be desirable to develop more reliable ride and

handling dynamic models of the vehicle, which could serve as a vital tool for suspension
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design and assessments of the ride vibration and handling/roll dynamics of a broader class

of off-road vehicles.
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APPENDIX 2-A: TIRE AND SUSPENSION FORCES AND MOMENTS

The vertical (F;) and lateral (Fry) tire forces developed at the tire-road interface (Fz and
Fry) are derived from the following, where i=1/, 2 denote the front axle tires, and i=3, 4
refer to the rear axle tires.

Fri = Kpi|zs + (=)™ Ty — WB, 05 — zg;| + Crizs + (=15 1T s — WB16s — 2] i = 1,2

Fri = Ki[zue + (1" Touy — zoi] + Crilfur + D™ Tguy — 20] - 1=3,4 (2-A.1)
FTYi:KTY‘[ys_(h+h +R)¢ +CTYi[ys_(h+hl+R)¢x] i:1’2 (2 A2)
FTY[ = KTY1 yur R¢L¢r + CTY [yur Réur] l = 3’ 4

where K7 and Kry; are the linear vertical and lateral stiffness and Cyz and Cry are the
linear vertical and lateral damping coefficients of tire 7, respectively.
The vertical forces developed by the torsio elastic suspension acting on the sprung

mass (F; and F4) and on the unsprung mass (F;, and F.,,) are given by:

F,=k[z, —(23 —%¢3J+Ll¢s +WB,0.1+c.[z, —(2'3 —%¢3J+Ll¢s +WB,6.]

(2-A.3)
F,=k][z _[24 +%¢4J_Ll¢s +WB,0,1+c.[z, _(24 +%¢4J_LI¢S + WBzés]
L, oLy, . :
F;3u = kz[ZB +?¢3 _Zur _(LI +L0)¢ur]+c2[z3 +?¢3 _Zur _(Ll +L0)¢ur]
(2-A.4)

L L,
F4u :kz[Z4_?0¢4_Zur+(Ll+LO)¢ur]+cz[ 2 ¢4_Z +(L +L

lll

where k&, and c; are the vertical stiffness and damping coefficients of the torsio-elastic
suspension. The lateral forces developed by the torsio-elastic suspension acting on the
sprung mass (F,3 and F)4) and the unsprung mass (F,3, and F)4,) are given by:

Fy=k[y, —hg, = y]+c, [y, —hg, - 3,]

Fy4:k [ys he, .V4]+C Vs~ h¢ — V4l

Fy3u h¢ur yuz +C y3 h¢ur yur
Fy4u: y[y4_hl¢ur_yur]+cy[y4 h¢ur yur

(2-A.5)

(2-A.6)

where k, and ¢, are the lateral stiffness and damping coefficients of the torsio-elastic
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suspension. The roll moments developed by the torsio-elastic suspension acting on the

sprung mass (Mpg;s and Mpy,) and the unsprung mass (Mpgz, and Mgy,) are defined from:

My, =k, (9, _¢3)+ct(¢s _¢3)

S (2-A.7)
Moy, =k (@, =9 +¢,(4, =)

M03u = kz (¢3 - ¢ur) + c, (¢3 - ¢ur) (2-A8)
My, =k (4, —4,)+c(d,—4,)

where k; and ¢, are the torsional stiffness and damping coefficients of the torsio-elastic

suspension, respectively.
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CHAPTER 3

MODELING AND VALIDATION OF OFF-ROAD VEHICLE
RIDE DYNAMICS

3.1 Introduction

Ride dynamics of ground vehicles has been extensively explored in the last few decades,
where the fundamentals of vehicle ride vibrations along with various types of suspension
systems have been well developed [152,217-219]. In parallel, the understanding of
human body vibrations and human perception of vehicle vibrations has also been
considerably improved, contributing the further enhancement in vehicle ride vibration
isolations and driver/passengers comfort and health [3,220,221]. However, the
documented literature suggested a large majority of these efforts made on the road
vehicle ride dynamics and suspension systems, while only small efforts have been
devoted to those of the off-road vehicles. This may be attributed mainly to two factors:
(a) It has generally been accepted that the knowledge and suspension systems developed
for road vehicles can be adapted to off-road vehicles with moderate modifications; and
(b) the significant difficulty in characterizing/modeling tire-terrain interactions (for either
deformable or undeformable terrains).

Unlike road vehicles, off-road vehicles are known to transmit higher magnitudes of
low frequency whole-body vibration (WBV) along the translational as well as rotational
axes to the drivers, which can be attributed to vehicle interactions with uneven off-road
terrains, and lack of adequate primary and/or secondary suspensions. A number of
epidemiological studies have shown that prolonged occupational exposure to such WBV
is directly associated with various health and safety risks among the vehicle drivers [5,6].

74



It has been reported in different field-based studies, e.g. [1,2], that WBV exposure of
many off-road vehicles may exceed the health-caution guidance zone and the exposure
limit defined in ISO-2631-1 [3] and EN14253 [4], respectively.

The field-based studies together with the guidelines are vital for estimating risk of
musculoskeletal disorders among the occupational drivers but provide only limited data
for designs of preventive measures involving primary and secondary suspension, tires and
operating conditions. It has been shown that the WBV environment of off-road vehicles
strongly depends upon a number of design and operating factors such as vehicle weight
and dimensions, vehicle load, task, primary and secondary suspension systems, terrain
roughness and driving speed [11,152,222]. Tiemessen et al. [11] evaluated the
effectiveness of evidence-based preventive strategies to reduce WBV exposure using 37
different field and laboratory studies, and concluded that the dynamic characteristics of
the vehicle need to be considered for design of effective strategies, apart from the driver
skill and behavior. Rehn et al. [222] studied the variations in WBYV exposure of 11 drivers
of 7 forwarders operating on 10 different terrains in terms of vibration dose value (VDV),
and showed that VDV was strongly dependent upon forwarder model, terrain type,
operating load and the driver.

The most popular preventive measure of WBV exposure reduction has been the
suspension at the seat, which limits only vertical vibration [8-10]. A suspension seat,
however, yields limited isolation of high intensity vertical vibration encountered in many
off-road vehicles, which may in-part be attributed to lack of suspension tuning with
regard to the intensity and frequency contents of the target vehicle vibration [10]. A

number of studies have also explored different cab suspension designs [13,14]. These
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suspensions, however, are not effective in limiting the transmission of fore-aft and lateral
vibration, whose magnitudes are known to be either comparable to or exceed that of the
vertical vibration [1,15]. In addition, performance of secondary suspensions, generally
derived from subsystem models of the seat and cab suspensions [9,10,13-15], may be also
limited due to lack of consideration of dynamics of the target vehicle [11]. Although axle
suspensions offer greater potential to reduce translational as well as rotational vibrations,
relatively fewer studies have attempted design and performance analyses of such
suspensions, where the enhancements in ride have been clearly demonstrated [17-
19,21,22,97]. This may in-part be attributed to design challenges associated with
conflicting requirements posed by the ride and roll stability measures, and wide
variations in the axle loads. Anti-roll suspension concepts with a ride-height leveling
function, such as interconnected hydro-pneumatic suspensions [23,39,152], would offer a
very promising alternative solution for off-road vehicle applications.

Similar to those in analyses of the road vehicle ride dynamics and suspension designs,
the reported off-road vehicle ride dynamics models used for suspension designs,
generally, employ either linear or nonlinear point-contact tire models that are known to be
computationally efficient. Such tire models, however, cannot capture the tire-terrain
interaction properties in the shear axes and thus the fore-aft and lateral ride vibration
responses [22]. Furthermore, the point-contact tire models tend to overestimate contact
pressure and wheel hop [223]. The study [22] demonstrated that using one-dimensional
point-contact tire model would also overestimate the vertical acceleration responses. In
addition, coupling of the pitch and roll modes with longitudinal and lateral dynamics,

respectively, cannot be reasonably represented. Considering that off-road vehicles exhibit
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substantial lateral and longitudinal vibrations attributed to coupled vehicle vibration
modes and horizontal tire-road interactions, it is essential to develop and integrate more
efficient tire models capable of predicting multi-axis tire forces.

Although comprehensive finite element tire models have been widely reported for
characterizing multi-axis tire-terrain interactions [122], such models could find only
limited applications in ride dynamic analysis of vehicles due to associated complexities
and high computational demands. Crolla et al. [224] proposed a three-dimensional point-
contact tire model to account for horizontal and vertical tire forces in an off-road tractor
model in a highly efficient manner. The model, however, does not account for the finite
tire foot print and the contributions due to local gradient of the terrain, and the wheel-
hop. Tire models with radial visco-elastic elements and adaptive contact patch have also
been employed to determine the tire-terrain forces along the vertical and longitudinal axis
[116,225].

In this chapter (paper), a comprehensive off-road ride dynamics model is derived with
integrating a three-dimensional tire model, which can be conveniently used for evaluating
suspension design concepts. The three-dimensional tire-terrain interaction model is
formulated based on the adaptive radial representation of the tires in the pitch plane
together with a lateral dynamic model based on the side-slip theory and the tire-lag. The
ride dynamic responses of the model are evaluated under excitations representing an
equivalent undeformable forestry terrain, and compared with the field measured data to
demonstrate the model validity. The ride responses are obtained for the vehicle model
with and without a rear-axle suspension to further illustrate the ride performance

potentials of the torsio-elastic suspension.
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3.2 Modeling of Tire-Terrain Interactions

The tire-terrain interactions along the three translational axes are characterized through
formulation of a three-dimensional tire model considering undeformable terrain. The
proposed model integrates an adaptive footprint tire model for describing the vertical and
longitudinal forces developed by the tire, and a visco-elastic lateral model based on the
side-slip theory.

3.2.1 Adaptive footprint tire model in the pitch-plane

Figure 3.1 illustrates an adaptive footprint model based on the concept of continuous
radial spring representation of the tire [226], which permits computation of the net
contact patch, P;P,, in the pitch plane and the resulting tire forces along the vertical and
longitudinal axis. The resultant force developed at the tire-terrain interface is evaluated
by considering the tire as a continuous ring of radial springs uniformly distributed over
contact patch, P;P,, which varies with the local terrain profile. The dissipative property
of the tire is represented by a lumped viscous damper, as shown in the Figure. Assuming
that the tire-terrain contact (P;P,) represents the idealized deflection of the tire, the
resultant force F,,,, assumed to act normal to the footprint, is obtained through integration
of the normal components of the elemental radial forces over the footprint [225], such

that:

F _=2KR [sina,—a, cosa, ]|+ F,, (3.1)

where K is the linear stiffness constant of the radial element, R,, is undeformed tire radius
and where a,, is one-half of the wheel-terrain contact patch angle, as shown in Fig. 3.2(a).
F,, = Ct,, is the tire damping force, where C is the viscous damping coefficient and 7,

is the relative velocity across the damping element which relates to the vertical motion of
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the wheel centre, the terrain elevation at the center of the contact patch, and the gradient

of the terrain profile, such that:
Tw = (Gwe — Zo)COSy (3.2)
where Z,,. is the vertical velocity of the wheel center, Z, = U tany, is the terrain imposed

vertical velocity at the mid-point of the idealized tire-terrain contact patch P,P», y is the

gradient of the instantaneous contact patch, and U is the constant forward speed.

Ground reference

I

Figure 3.1: Adaptive foot-print radial tire model.

The radial spring constant of the tire is estimated from Eq. (3.1) and the static tire
deflection J,, subject to a static load, W, on a flat surface, as shown in Fig. 3.1(b), such
that:

w
2R [sina, —«a, cosa, ]

(3.3)

The determination of the resultant tire force from Eq. (3.1) necessitates the instantaneous
contact patch angle 2a,, and thus the instantaneous patch length P;P,. The coordinates of
P; and P, are derived from the circle-line interaction representation [226], shown in Fig.

3.2 (b). The algorithm initially identifies all the terrain elevation points P; that lie within
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the projection of the wheel on the terrain surface, X,,..-R,, < Xps < X, +R,,, Where Xp, are
the x-coordinates of the identified terrain points, and X,,. is x-coordinate of the wheel
center. The elevation points within the wheel geometry are subsequently identified using
the criteria: (Zye — Zps)? + (Xyye — Xps)? < R2 where Z,. and Zp, are the vertical
coordinates of the wheel center and terrain contact point, respectively. The coordinates of
the two extreme elevation points, P; and Pg, within the wheel geometry together with
those of the preceding (P._;) and following (Pr+;) points are used to define the equations
of the lines intersecting the tire ring at P; and P,, respectively, as shown in Fig. 3.2(b).
The coordinates of the intersection points, (X;, Z;) and (X,, Z,), are finally determined

from the equations of the two lines and that of the tire ring, given by:
(X,.—X)V+(Z,.-Z) =R
The instantaneous contact patch angle oy, can be derived from the angular coordinates 8,

and 6, of the intersection points P; and P,, respectively, as seen in Fig. 3.2(a), such that

2a,,~= 60, - 8; Using the circle-line interaction method, these can be expressed as:

Right line segment

Left line|

y
PiX>, Z)
!

" Projection of the wheel on the terrain surface
PiX,, Z)) !

(a) (b)

Figure 3.2: (a) Wheel-terrain contact patch; and (b) Circle-line interaction representation.

1R+ 1)
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6, —tan " L= Ly ;6 —tan"" Ly=Zye (3.4)
X X,-X

1 we we

Furthermore, the gradient of the instantaneous contact patch can be computed from:
y = 0, + a,, — 1.5m. The vertical and longitudinal forces developed by the tire can be
derived from Eq. (3.1) using the instantaneous contact patch angle and gradient of the

idealized contact patch, such that:

F,=F, cosy, F,=F,siny (3.5)
where F7, and F. are the resultant longitudinal and vertical tire forces, respectively.

3.2.2 Lateral tire force

A lateral tire force model [224] based on the side-slip theory could be applied to account
for contributions of the lateral tire-terrain interaction to the ride dynamics of off-road
vehicles. The lateral tire force model may be integrated with the adaptive footprint tire
model in order to describe the tire-terrain interactions along the three translational axes.
Furthermore, the large and soft tires, popularly employed in off-road vehicles, exhibit
considerable hysteresis and appreciable time lag associated with buildup of lateral force.
It has been further shown that the lateral force developed by a tire can be derived
considering first-order tire dynamics, where the time constant directly relates to the
relaxation length ¢ and the forward speed U [118]. Assuming small slip angle and a
constant vertical load, the tire lateral force can be related to the side-slip angle a and tire
cornering stiffness C, in the following manner:

T, (8) + E, () = Cpa(t) (3.6)
where the time constant T = o /U, F\(?) is the lateral force developed by the tire and C,

a(t) is the steady-state lateral force developed by the tire. The reported lateral tire force
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model is integrated with the pitch-plane adaptive foot-print model, as shown in Fig. 3.3,
to derive the tire forces along the three translational axes. In the absence of the external
input (u,=0), the tire lateral force can be related to the stiffness and damping coefficients

in the following manner:

Figure 3.3 Tire lateral ride dynamic model consisting of linear spring and damper in
series.

,i—gﬁya) + Fy(t) = Cryy(t) 3.7)

where Cyp, and K7, are damping and stiffness coefficients of the model, which are related
to cornering stiffness and relaxation length of the tire, such that: Cr, = C,/U and
Kry = Cq/0, and y(t) = Ua(t) is the lateral velocity developed at the tire-terrain
contact.

3.3 Ride Dynamics Modeling of Off-Road Vehicles

3.3.1 Unsuspended off-road vehicles

Assuming negligible contributions of the articulation mechanism to the vehicle
responses, a 5 degree-of-freedom (DOF) ride dynamic model of an un-suspended off-
road skidder is developed, which is an extension of the pitch-plane model presented in

[22]. Figures 3.4(a) and 3.4(b) illustrate the model in the pitch and roll-planes,
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respectively. The forward speed is assumed to be constant, the axles are considered to be
rigidly attached to the vehicle frame, and axles, frame and the cabin are considered as a
rigid mass supported on four tires. The tire forces are derived using the adaptive foot-
print and lateral force tire model described above. The equations of motion for the vehicle
model are derived considering differential terrain excitations at the two tire tracks:

4 4 4
msZs"'ZFTzi =0; msjés_i'zFTxi = 0; msj}s+zFTyi =0;
i=1 i=1 =1

i=
Iyyse_g — WB1[Frz1 + Frzpl + WB[Frpz + Frpyl — HQEio Fra) = 0;
Ixxs®s — T[Frz1 + Frps] + TlFrp + Fral + HEE Fry) = 0; (3-8)

CTyl % T Zy Zyy § CTyZ
H|_.J\N\N\ | i I | \N\N\‘_._D_E
KTyl | oT | KTyZ

(b)

Figure 3.4: Pitch- and roll-plane representations of an unsuspended skidder: (a) Pitch-
plane; and (b) Roll-plane, (front view)
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where z;, X, Vs, 05, and ¢ are the vertical, longitudinal, lateral, pitch and roll deflections,
respectively, of the sprung mass m;, about its static equilibrium. Ixxs and /yys are roll and
pitch mass moments of inertia of the sprung mass, respectively. The vertical (F7;), lateral
(F'5i) and longitudinal (F7y;) tire forces developed by tire i (i=1, 2 for front axle tires and
i=3, 4 for the rear axle tires), are derived from the tire models expressed in Egs. (3.5) and
(3.7). The lateral force (F5;) where lateral velocity y;(t) of the contact point is given by
vit)=y;+H d)s (=1, ..,4). WB;, WB,, T, and H are the geometric parameters shown in
Fig. 3.4.

3.3.2 Suspended off-road vehicles with rear-axle torsio-elastic suspension

A torsio-elastic axle suspension concept has been proposed to improve the terrain-
induced ride vibrations of a forestry skidder, while providing high effective roll stiffness
[22]. The ride performance potential was demonstrated through field measurements and
analysis of a vehicle model with a point-contact tire model. In this study, the conventional
skidder retrofitted with the torsio-elastic suspension at the rear-axle is modeled
considering multi-axis tire-terrain interactions, as shown in Figs. 3.5(a) and 3.5(b). The
detailed linkage model is also shown in Fig. 3.5(c). The vehicle with the rear-axle

suspension is modeled as a 14-DOF dynamic system, which includes: 5-DOF of the
sprung mass 7, comprising chassis, cab, front axle and the mounted equipment (x;, ys, zs,
&5, 05); 3-DOF of the real axle unsprung mass (Vur, Zur, @u); and 3-DOF of each of the two
suspension units (y;, z;, @; i=3, 4). The equations of motion for the sprung and rear-axle

unsprung masses of the vehicle subject to terrain excitations at the right- and left-tracks

are formulated as:
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shaft
y4<_§¢4
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CTy4 KTy4 L

Figure 3.5: Schematic representation of the 14-DOF suspended vehicle model: (a) roll
plane; (b) pitch plane; and (c) torsio-elastic suspension linkage mechanism.
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2 4 4 2 4
m;zs + z FTZL' + Z in = 0; st + z FTxi = 0; m;ys + z FTyi + z Fyi = 0;
i=1 i=3 i=1 i=1 i=3 )

4
ess + Mpas + Myag + (Foa = Fyply + h (Z Fyi) + (Frza = Frp)T 4+ HOY Fry) = 0

i=3 =1

LysOs + WBy(Zt5Fyi) — WBy(X2o1 Frzi) — H(Zio1 Frai) = 0; (3.9)

4 4 4 4
murZur'i'zFTzi_zeiu:O; murj}s+zFTyi_sziu:0;
=3 i=3 EE i=3

Ly oy — Mgy — Mpay + (Frza — Frps)T + Z(RWFTyi + hiFyi) + (Fyzu — Foa)(Ly + Lo) = 0;
i=3

miZ; + Fpyy — F = 0; mVs; + Fyiy — Fy; = 0; i=3,4
Lii = Mgis + My — (Fypy + Fp) 2 = 0; =34 (3.10)
In the above equations, the vertical and lateral forces, and roll moment due to rear
axle suspension are denoted by F%;, F; and My (i=3,4), respectively, which are derived
from the detailed linkage model, shown in Fig. 3.5(c). These have been developed in [22]
considering 3-DOF of each of the rear axle suspension links, including vertical (z,),
lateral (y,,) and roll (¢,,) of the unsprung mass, and lateral, vertical and roll (y;, z; and ¢;
i=3,4) motions of the suspension linkages. The geometric parameters Ly, L;, R,, h, and h;
are illustrated in Fig. 3.6. The vertical, longitudinal and lateral tire forces are derived
from Eqgs. (3.5) and (3.6), while the lateral velocity of the footprint of the rear axle tires,
however, is related to the unsprung mass motion such that: y; = y,, + Ry, ¢y (i=3, 4).
3.3.3 Estimation of the terrain roughness profiles
The roughness of deformable off-road terrains has been expressed by a power regression
function in spatial spectral density Gz(22) representing the elevation of an equivalent
undeformable terrain. The regression function for a forestry terrain, derived from the field

measured responses of a conventional unsuspended forestry skidder, has been expressed
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as [22]:
G,(Q=a,Q”, a >0and f>0 (3.11)
where Q is the spatial frequency that is related to forward speed U and the temporal
frequency f, such that /' =QU, and constants o, and £ are the roughness coefficients and
wavinesses of the terrain, respectively. The constants a, and f which were identified from
the measured vertical, pitch and roll ride responses of the conventional unsuspended
vehicle through solution of an error minimization problem described in [22]. Compared
to the other reported profiles like plowed field, pasture and the MVEE [114, 132], the
identified roughness model showed lower roughness particularly at the lower wave
numbers, which was in part be attributed to the soft terrain since the measurements were
performed late in the fall season.

The spatial power spectral density (PSD) of the terrain roughness may also be

expressed by a rational PSD function in temporal frequency @ and operating speed U

[133]:
2712 2772 2
T Hs U U™+ i5U” + o)
(C()) ( )[ 2 2] ( )[ 2412 27 72 2.2 2 2 2] (312)
(WU = U” +07)" + 4 15U
where 1, (i=1, ..., 5) are constant coefficients that were identified from the terrain profile

spectrum over a range of 5 to 25 km/h forward speed, as: (0.19, 2.00, 0.76, 2.00x10™",
3.0x107). The comparison of the spatial PSD derived from the above function with that
derived from Eq. (3.11) in Fig. 3.6 shows that 7(w) can accurately describe the identified
terrain spectra.

The above function permits the synthesis of time-history of the terrain roughness by

applying a random white noise signal of unity power. For this purpose, the spectral
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density function in Eq. (3.12) is expressed as:

4 2, g2
@ +b,w” +b

T(w)=b
(@) 1[(w2+af)(a)4+a2a)2+a§)

(3.13)

where a; and b; (i=0, 1, 2) are functions of the vehicle speed and coefficients ¢, which

can be applied to describe the random road irregularity zy(¢) through stationary solution of
a third-order differential equation subject to a random white-noise input of unity power

[(?) in the following manner [133]:

107

Roughness model, Eq. (11)

-3
10 = === Estimated, Eq. (12) E

10™

10k

Spatial PSD of the terrain roughness (malcycle)

7
10 - - — - - e
0.2 1 10 20

Spatial Frequency (cycle/m)

Figure 3.6: Comparison of the roughness profile with that estimated from model
proposed by Hac [133].

Zo(®) + (ay + Jaz + 2a0)Z,(t) + (ag + ary/az + 2a9)ze(t) + apa,z(t) =
Jba[I(®) + ({/by + 2bg)i(t) + bol(t)] (3.14)

The above differential equation has been derived from a frequency response function
O(w) obtained from Eq. (3.13) based on the stationary random process [227] in the

following manner:
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where Zy(w) and L(w) are the corresponding finite Fourier transforms of zy(¢) and I(z),
respectively. zy(¢) can be considered to represent average roughness profile of the terrain,
assuming that the terrain tracks are statistically equivalent. In off-road operations, the two
vehicle tracks are invariably subjected to different terrain elevations that contribute to the
roll and lateral dynamic responses of the vehicle. The roughness profiles of the two tracks
may be estimated by assuming a coherence function describing the linear dependence of
two random profiles. A few studies have established coherence functions of roughness
profiles of two tracks of the roadways. The analyses of measured road profiles by Bogsjo
[228] showed that roughness profiles of the two tracks are highly correlated at low
frequencies, while the coherence diminishes at higher frequencies. Yonglin and Jiafan

[229] described the coherence by a piecewise linear function in frequency of the form:

1- 0.9(2) ; <o
2r

Vir(®) = (3.16)

0.1 ;0>

where y2;(w) is the coherence between the left and right tracks of a roadway and w; is
the transition frequency, which was taken as 2Hz for the roadways. Considering that off-
road terrains exhibit relatively low frequency components, a lower transition frequency
would be more reasonable, which is considered as 1Hz in this study that is identical to the
measured predominant roll frequency of the forestry vehicle [22]. The above coherence

function can also be expressed accurately by a second-order function of the form:

2 4 2 2 2
ew +(e —2ee))n” +e
20 4G Z200)0 16 12 (w) (3.17)
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where e; and d; (i=0, 1, 2) are constant coefficients that are identified from the coherence
function as: (4.47, 0.73, -0.06; and 4.47, 1.81, -0.20). The validity of the above function
in describing the coherence is illustrated through comparison of the coherence values
derived from Egs. (3.15) and (3.17), as shown in Fig. 3.7.

Roughness profiles of the two tracks may be synthesized by considering the above
coherence function and two uncorrelated random white noise signals, /(¢) and n(¢) applied
to the spectral density function of the road profile. Assuming that Eq. (3.14) describes the
roughness profile of the left track zy.(¢), the roughness of the right track may be derived

by considering a filtered random process 7(¢), such that:
r(t) = q,(DI(F) + g,(O)n(1) (3.18)
where ¢;(¢) is the coherence function and ¢,(¢), describes the uncorrelated component of

r(f), which can be expressed as [227]:

|Q1 (w)|2 = 7/1%13 (®)

(3.19)
|Q2(a))|2 =1- 7%13 (@)
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Figure 3.7: Comparison of the coherence values obtained from Eq. (3.16) with that
approximated by fractional system function.
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As it is shown in Fig. 3.8, schematically, the functions ¢,(¢) and ¢.(¢) are applied to
obtain the filtered random process 7(¢). The frequency response function Q(w) described

in Eq. (3.15) is subsequently applied to 7(¢) to obtain random road irregularity of the right

track Z,,(¢) through stationary solution of Eq. (3.14).
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—>  qz()
r (1)
Figure 3.8 Flowchart of the proposed method to find the time series of two tracks
profiles.
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Figure 3.9: Time histories of roughness of the (a) left track; and (b) right track
(U=5km/h).
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Figures 3.9(a) and 3.9(b) illustrate time histories of the roughness of the left and right
tracks considering a forward speed of Skm/h, respectively. Figure 3.10 illustrates the
coherence of the two random terrain profiles, which is compared with the assumed target
coherence. The time history of roll excitation attributed to roughness of the two tracks is
further computed considering vehicle track width of 2.5m. Figures 3.11(a) and 3.11(b)
illustrate the time-history and PSD of the roll displacement, respectively. The results
show that the coherence of the two tracks roughness is quite close to the assumed target

coherence, while the peak roll displacement excitation approaches 6 degrees.
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Figure 3.10: Coherence of the two track profiles compared with the target coherence.
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Figure 3.11: Roll displacement (a) time-history; and (b) PSD spectrum.
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3.4 Method of Analysis

The unsuspended and suspended vehicle models together with the three-dimensional tire
model are analyzed considering terrain excitations arising from two parallel tracks,
shown in Fig. 3.9, at a constant forward speed. The simulations were initially performed
at a speed of Skm/h in order examine model validity on the basis of the field-measured
data that were acquired at the same speed. The simulation parameters of the vehicle
models are summarized in Table 3.1 [22]. The model responses were evaluated in terms
of PSD of translational and rotational accelerations, and frequency-weighted and un-
weighted rms accelerations at the operator seat location. The vertical, longitudinal, and
lateral acceleration responses at the seat location were derived from the following
relations:

Zseat = Zs = lOs;  Ksear = ¥s + 1055 Jsear = Js — I s (3.21)
where /' and [, are the vertical and longitudinal distances of the seat, respectively, from
the sprung mass center of gravity (cg).

Table 3.1: Simulation parameters.

Parameter value Parameter value
m's 8616 kg k, 185 kN/m
M 9662 kg k, 185kN/m
m; 42.6 kg k; 125kNm/rad
my 42.6 kg C, 4000 Nm.s/rad
My, 1500 kg cy 4000 N.s/m

I'yxs 10495 kg.m’ ¢ 3500 N.s/m
I'yys 16353 kg.m’ K 94.5 kN/m
I 3500 kg.m’ C 2000 N.s/m
I 3500 kg.m” o 0.40 m
h' 0.43m Ly 0.16 m
WB, 1.23 m h 0.60 m
WB, 1.90 m IN 0.29 m
2T 2.50m Ost 0.20m
R, 0.80 m Ky, 256kN/m
C, 102 kN/m h, 0.21 m
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The frequency-weighted accelerations were obtained using the weighting functions
defined in ISO-2631-1 [3]. For this purpose, the response time-histories were analyzed to
derive PSD and rms spectra using the modified Welch method [230] together with
Hanning window and 50% overlap of the data segments. The total WBV exposure was

also derived in terms of vibration total value, a,:

a, = \/( flal + yzaiy + afvz) (3.22)
where f; and f, are the additional weightings factors imposed on the weighted longitudinal
and lateral acceleration values, as described in ISO-2631-1 [3]. ay., aw, and a,. are
frequency-weighted longitudinal, lateral and vertical rms accelerations at the seat,
respectively. The eight-hour energy equivalent frequency-weighted acceleration A(8) is
also computed for a daily exposure duration of 7,= 4 hours, based on the information

attained from the Forestry Engineering Research Institute of Canada [231], such that

A(8) = am/m , where T) is the reference duration of 8 hours.
3.5 Results Discussions and Model Validation
The validity of the vehicle models was examined on the basis of the field measured
responses of a conventional skidder and a skidder integrated with a torsio-elastic rear
suspension. The measurements and analysis of the field data have been described in [22].
The study [22] further showed that addition of the torsio-elastic suspension to the rear
unit resulted in substantial reductions in overall unweighted and frequency-weighted rms
accelerations measured near the operator seat. In this study the field-measured responses
are used to examine validity of the vehicle models with three-dimensional tire model.

The acceleration PSD response spectra obtained along the vertical, fore-aft, lateral,

pitch and roll axes at the operator seat location, derived assuming negligible effects of the
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seat cushion, are compared with the measured spectra in Figs. 3.12 and 3.13 for the

conventional and suspended vehicles models, respectively. The results show respectively

good agreements between the models and the measured data for both the models. The

results suggest that the proposed three-dimensional tire model provides more accurate

predictions of ride responses along all the axes compared to the results obtained with a

one-dimensional point-contact tire model reported in [22].
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Figure 3.12: Comparisons of acceleration PSD responses of the conventional vehicle
model with those of the measured data.

The results show peak responses near 1 and 2Hz, which are attributed to pitch and

vertical mode resonances of the vehicle models. The predominant longitudinal vibration
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of the sprung mass occurs at a frequency slightly above 1Hz for both the vehicle models,

which is partly associated with its coupling with the pitch mode. The roll and lateral

acceleration responses also show two peaks near 0.9Hz and above 2.5Hz denoting the roll

and lateral mode resonance frequencies of the sprung mass suggesting the coupling

between lateral and roll modes.
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Figure 3.13: Comparisons of acceleration PSD responses of the suspended vehicle model
with those of the measured data.

While the results suggest reasonably good agreements between the model responses

and the measured spectra, some deviations are also evident. As it is observed in Figs. 3.12

and 3.13, the lateral and roll responses of the both suspended and unsuspended vehicle
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models at frequencies range above 3Hz are slightly below the measured data, which may
partially be attributed to the relatively low roll excitation due to synthesized terrain
profiles for the two parallel tracks at higher frequencies. The longitudinal acceleration
response magnitudes of the unsuspended vehicle model are lower than the measured
magnitudes at frequencies below 2Hz. The longitudinal response of the suspended
vehicle, however, is greater than the measured response at frequencies below 2Hz.

The deviations in the response are also believed to be caused by various simplifying
modeling assumptions, particularly the consideration of negligible contributions due to
articulation forces and moments, constant forward speed, absence of wheel hop, and
linear suspension properties. Despite the observed deviations, the results suggest that the
vehicle models with the three-dimensional tire model can predict the ride dynamic
responses along the vertical, longitudinal, lateral, roll and pitch axes, reasonably well.
The models can thus serve as an effective tool to seek desirable suspension design
parameters and to assess the whole-body vibration exposure of the operator.

Table 3.2: Comparisons of frequency-weighted and unweighted rms translational (m/s?)

and rotational (rad/s”) acceleration values of the unsuspended vehicle model with the
corresponding measured values.

Axis Bounce Longitudinal  Lateral Pitch  Roll ay A(8)
g Model 1.97 1.39 1.53 0.67 1.00
g” Measured 1.83 1.59 1.79 0.70 1.10
E Deviation (%) 7.6 -12.6 -14.6 -4.5 9.1
= |Model 1.20 1.24 1.34 0.44 0.691 2.82 2.00
% Measured 1.12 1.43 1.52 0.46 0.75| 3.13 2.22
§ Deviation (%) 7.1 -13.3 -11.8 -4.3 80| -99 -99

The overall frequency-weighted and unweighted rms acceleration values of the model
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responses are further computed and compared with those derived from the measured data
in Tables 3.2 and 3.3. The frequency weighting W,, W; and W, are applied to derive the
overall frequency weighted rms acceleration along the horizontal (x, y), vertical (z) and
rotational (6, ¢) axis, as recommended in ISO-2631-1 [3]. The results suggest good
agreements between the rms acceleration values of both the models and the measured
data particularly for the bounce and pitch rms acceleration responses. Slightly higher
deviations, however, are observed in the lateral and longitudinal acceleration values of
the unsuspended vehicle model. Similar deviations are also evident in the longitudinal
rms acceleration of the suspended vehicle model, which are partly attributed to the
simplifying assumptions of the models, specially the lack of consideration of the
articulation force and moments. It should be noted that the previous study [22] using a
one-dimensional point-contact tire model demonstrated considerable overestimates in the
bounce-mode acceleration (for suspended vehicle: 28% deviation for unweighted rms
acceleration and 58% deviation for weighted rms acceleration.) However, the off-road
vehicle ride dynamics model developed in this study shows a considerable improvement
in the bounce-mode acceleration, where deviations less than 5% were observed in Table
3.3.

Table 3.3: Comparisons of frequency-weighted and unweighted rms translational (m/s?)

and rotational (rad/s”) acceleration values of the suspended vehicle model with the
corresponding measured values.

Axis Bounce Longitudinal Lateral Pitch Roll a, A(S)
§ Model 1.05 1.00 1.38 0.85 0.96
‘:ED Measured 1.00 0.89 1.30 0.82 0.87
S | Deviation (%) | 5.0 12.4 6.2 3.6 10.3
- | Model 0.65 0.89 1.17 0.44 048 | 2.16 1.53
% Measured 0.62 0.78 1.07 043 044 | 1.95 1.38
§ Deviation (%) 4.8 14.1 93 23 9.1 10.8 10.8
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The tables also present the vibration total value, a,, derived from Eq. (3.22), and A(8)
values estimated from models responses and measured data. These illustrate deviations in
the order of 10-11% between the model and measured responses. Comparisons of the
results presented in Tables 3.2 and 3.3 confirm that the addition of a rear-axle torsio-
elastic suspension yields significant reduction in the WBYV exposure of the operator along
all the translational axes. Both the total value and eight-hour energy equivalent
frequency-weighted acceleration are nearly 38% lower for the suspended vehicle
compared to the unsuspended vehicle. The results further show that the 4(8) value of the
unsuspended vehicle exceeds the "limiting value" of 1.15m/s* defined in the EC
guidelines [4]. While the suspended vehicle yields substantially lower A(8) value, its
magnitude still exceeds the "action value" of 0.5m/s” defined in the EC guidelines.

3.6 Parameter Sensitivity Analysis

Different vehicle design and operating parameters including the torsio-elastic suspension
properties, the linkage geometry, vehicle forward speed, vehicle load, and terrain
roughness would affect the ride performance potential of the torsio-elastic suspension.
Among these, the suspension characteristics would also influence the load carrying
capacity of the vehicle. The validated suspended vehicle model is used to study the
sensitivity of ride responses to variations in the suspension parameters so as to seek
desirable suspension design parameters. The analyses are performed for the unloaded
vehicle operating at a constant forward speed of Skm/h. The suspension design
parameters considered include: the stiffness (k,, k., k;) and damping (c,, c., ¢;) constants,
and the linkage length (Ly) of the rear-axle torsio-elastic suspension. The stiffness and

damping constant was varied by £50% about the nominal value, and the variation in the
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link length was limited to +25%, while the vehicle track width was held constant. The
responses were obtained in terms of unweighted and frequency-weighted vertical,
longitudinal, lateral, pitch and roll rms accelerations, which are summarized in Table 3.4.

The results revealed considerable influence of the suspension vertical stiffness on
both the frequency-weighted and unweighted vertical and pitch rms accelerations.
Increase in the vertical stiffness causes higher pitch and vertical mode resonance
frequencies, which resulted in higher frequency-weighted and unweighted vertical and
pitch rms accelerations. Same effect can be observed on the longitudinal rms acceleration
due to coupling between the longitudinal and pitch dynamics. The influence of variations
in the vertical stiffness, however, is negligible on the roll and lateral accelerations,
suggesting relatively weak coupling of the vertical mode with roll and lateral modes of
the vehicle. While the lateral stiffness variations show only minimal effect on the roll
responses, the un-weighted lateral rms acceleration is strongly affected by both the
torsional and lateral suspension stiffness suggesting greater coupling between the roll and
lateral responses of the vehicle. Reductions in both the lateral and torsional stiftness yield
relatively higher magnitude of the weighted lateral acceleration, which may be partly
attributed to reduced roll and lateral mode frequencies, below 1Hz, where the effect of
Wi-weighting is greater. The roll response is mostly affected by the torsional stiffness,
where a reduction in the torsional stiffness results in higher roll acceleration.

The torsio-elastic suspension provides only light damping, which may not yield
important influences on the ride vibration responses. However, the frequency-weighted
and unweighted vertical, longitudinal, and pitch accelerations tend to increase with lower

vertical damping of the torsio-elastic suspension. The roll acceleration response is only
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slightly affected by the torsional and lateral damping coefficients. The results obtained in
terms of vibration total value, a,, suggest that a suspension design with lower vertical
stiffness and higher lateral and torsional stiffness, and higher vertical damping would
yield lower overall weighted rms acceleration, while the effects of lateral and torsional
damping are relatively small.

Table 3.4: Influence of variations in the torsio-elastic suspension stiffness and damping

properties on the frequency-weighted and unweighted rms translational (m/s”) and
rotational (rad/s) acceleration responses of the model.

Weighted rms acceleration Unweighted rms acceleration
Parameters
z X Y 0 ¢ a, z X y 0 @
NV";‘I'I‘:;*“ 0.65 089 117 044 048] 276 | 1.05  1.00 1.38 0.85 0.96
k -50% 0.61 0.85 1.17 040 048 2.11 0.90 0.90 1.38 0.73 0.97
Z 1 +50% 0.73 0.92 1.17 048 048] 2.20 1.25 1.16 1.38 1.02 0.95
k -50% 0.65 0.89 1.26 044 047 2.28 1.05 1.01 1.32 0.85 0.94
Yo +50% 0.65 0.89 1.10 044 049]| 2.07 1.05 1.01 1.43 0.85 0.99
k -50% 0.65 0.89 1.21 044 0.51] 2.23 1.05 1.01 1.34 0.85 1.09
L +50% 0.65 0.89 1.14 044 043 2.11 1.05 1.01 1.41 0.85 0.81
-50% | 0.66 0.96 1.17 047 048] 2.22 1.17 1.12 1.38 0.97 0.96
¢z +50% | 0.65 0.83 1.17 041 048] 2.11 1.02 0.94 1.38 0.77 0.96
-50% 0.65 0.89 1.18 044 049] 2.17 1.05 1.01 1.43 0.85 0.98
Gy +50% 0.65 0.89 1.16 044 047) 2.15 1.05 1.01 1.36 0.85 0.95
-50% 0.65 0.89 1.17 044 049 2.16 1.05 1.01 1.40 0.85 1.00
Gt +50% 0.65 0.89 1.17 044 047) 2.16 1.05 1.01 1.37 0.85 0.96
I -25% 0.65 0.89 1.18 044 049 2.17 1.05 1.00 1.38 0.84 0.96
O +25% 0.63 0.90 092 048 0.37] 1.91 1.02 1.03 1.13 0.88 0.78

The kinematic effect of the suspension mechanism is investigated from the responses
sensitivity to variation in the suspension linkage length. The results (Table 3.4) suggest
that an increase in L, yields lower roll and lateral responses, which is partly attributed to
lower effective-roll stiffness, while the effects on frequency-weighted and unweighted
vertical, longitudinal, and pitch responses are relatively small. A 25% increase in Ly
results in nearly 12% reduction in the vibration total value.

Apart from the suspension parameters, forestry skidders are invariably subject to high

load variations during a work cycle, which could greatly affect the ride vibration
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responses. The ride responses of loaded vehicle are thus obtained in terms of unweighted
and frequency weighted rms acceleration responses for both the conventional and
suspended vehicle models. The loaded condition is realized by increasing the vehicle
sprung mass by 50% of the nominal mass presented in Table 3.1. The results are
compared with those of the unloaded vehicle models in Table 3.5. The results show that
the loaded unsuspended vehicle yields considerably higher acceleration responses
compared to the unloaded vehicle along all the axes, except in the longitudinal direction.
In particular, the weighted vertical, lateral, pitch and roll rms accelerations of the loaded
vehicle are nearly 25%, 15%, 55% and 110% higher than those of the unloaded vehicle.
Table 3.5: Influence of vehicle load on the frequency-weighted and unweighted rms

translational (m/s?) and rotational (rad/s?) acceleration responses of the unsuspended and
suspended vehicle models.

Weighted rms acceleration Unweighted rms acceleration
Parameters
z X y 0 i a, z X y 0 i
g5 Un- 1.20 1.24 134 044 0.69]2821197 139 1.53  0.67 1.00
= loaded
= g
(=7
3| Loaded | 1.50 1.06 154 0.68 1.44]3.02|242 120 202 096 1.92
g Un- 0.65 0.89 1.17 044 048]216]1.05 1.00 1.38 0.85 0.96
= loaded
g
&
& Loaded | 0.63 0.82 1.10 0.54 0.60| 2.05] 1.06 0.96 1.31 0.78 091

The suspended vehicle, however, exhibits significantly lower sensitivity to variations
in the load, as seen in Table 3.5. The unweighted responses of the loaded suspended
vehicle are either comparable or slightly lower than those of the unloaded vehicle along
all the translational and rotational axes. The weighted responses of the loaded suspended
vehicle along the translational axes are also lower than those of the unloaded vehicle. The

frequency-weighted roll and pitch responses of the loaded vehicle, however, are nearly
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25% greater than those of the unloaded vehicle. This is caused by lower pitch and roll
resonance frequencies of the loaded vehicle and contributions of the W, -weighting. The
results clearly suggest that the torsio-elastic suspension is not greatly sensitive to
variations in the load, when WBYV exposure of operator is concerned.

3.7 Conclusions

This study developed a comprehensive off-road vehicle ride dynamics model integrating
a three-dimensional tire-terrain interaction model, which can be effectively and
efficiently applied to both suspended and unsuspended vehicles. The tire-terrain
interaction model comprised an adaptive radial representation for characterizing the
resultant vertical and longitudinal forces within the contact patch, and a lateral dynamic
model based on the side-slip theory together with the tire-lag. The forestry terrain was
described by a regression roughness model of an equivalent undeformable terrain that
was estimated from the field-measured responses of a conventional unsuspended skidder.
The roughness profiles of the two parallel tracks of the terrain were synthesized assuming
a coherence function between the random roughness of the two tracks. The synthesized
roughness characteristics revealed peak roll excitation due to terrain in the order of 6
degrees.

The model responses were subsequently evaluated in terms of PSD of accelerations,
and weighted and un-weighted rms accelerations along the vertical, fore-aft, lateral roll
and pitch axes for both the unsuspended and suspended vehicle models. The validity of
the models was demonstrated by comparing the response spectra and overall rms
accelerations with the reported field-measured responses for the same vehicle with and

without suspension. Both the conventional and suspended vehicle models responses
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agreed very well with the measured responses in all the directions considered. Good
agreement was also evident in the longitudinal and lateral axis for both the vehicle
models suggesting that the three-dimensional tire model can provide good prediction of
the vehicle ride responses along all the translational and rotational axes. The validated
vehicle ride dynamics models could thus serve as important tools for suspension design
and assessments of WBV exposure of drivers of off-road vehicles. Based on the
developed oftf-road vehicle ride dynamics model, the use of a rear-axle torsio-elastic
suspension resulted in nearly 38% reduction in the vibration total value. Furthermore, the

suspension revealed only little sensitivity to variations in the vehicle load.
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CHAPTER 4

KINETO-DYNAMIC DIRECTIONAL RESPONSE
ANALYSIS OF AN ARTICULATED FRAME STEER
VEHICLE

4.1 Introduction

Articulated frame steer vehicles (ASV) with their enhanced mobility and manoeuvrability
on off-road terrains are widely used in the agricultural, construction, forestry and mining
sectors. These vehicles also operate on paved roads at relatively higher speeds and thus
pose difficult handling and directional performance requirements. Such vehicles are
known to exhibit relatively lower stability thresholds, particularly greater jack-knife and
snaking tendencies, which are attributable to a number of factors [24-26]. These include
the multi-axle vehicle design, large diameter tires and thus high mass vehicle centre of
gravity (cg), operation on complex terrain conditions, wide range of operating speeds,
and large vehicle load and load variations, in addition to the kinematics and dynamics of
the articulated steering system. While the directional dynamics and stability limits of
articulated freight vehicles have been extensively investigated, only a few reported
studies are found on off-road articulated steering vehicles. Some of these have established
that the hydraulic steering system is the most sensitive design factor in view of the
vehicle steering responses and stability [25,26]. Apart from steering of the vehicle, the
kinematics and dynamics of the hydraulic articulated frame steering system play a critical
role in retaining directional stability of the vehicle, due to the fact that the articulated
frame steer vehicles are inherently directionally unstable and exhibit jack-knife tendency

about the pivot, particularly at higher speeds [25,26]. This suggests the need to enhance
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understanding of contributions of the steering mechanism behaviour to the directional
dynamic responses of the articulated frame steer vehicles.

The articulated frame steering responses are strongly dependent on both the
kinematics and dynamics of the steering system and their coupling with the dynamics of
the vehicle. The vast majority of the reported studies on characterization of directional
responses have employed linearized low-order vehicle models together with a simplified
articulated steering model characterized by an equivalent linear torsional stiffness and
damping, while the kinematics properties of the steering mechanism are entirely ignored
[24-26,28,29]. The reported studies have generally investigated three modes of
instabilities namely the ‘Snaking’, ‘Jack-Knife’ and ‘Oversteer’, which have been
observed with articulated frame steer vehicles [25,26]. Crolla and Horton [24]
investigated the steering behavior and directional responses through an eigenvalue
analysis of the 3-degree of freedom (DOF) linear yaw-plane model of the articulated steer
vehicle, while the steering system was described by linear torsional spring and damping
constants. The study concluded that snaking and jack-knife types of instabilities could
occur even at low speeds when the steering torsional stiffness is low. A higher torsional
stiffness and damping of the articulated steering was thus suggested for enhanced vehicle
stability limits.

Horton and Crolla [25] further extended the model by replacing the equivalent
torsional stiffness and damping by a linear model of the hydraulic steering system,
although the kinematics of the steering struts and the joint was not considered. The
results showed that an oversteer instability could occur at a speed above 24 m/s, which

would lead to snaking mode as the driver attempts steering correction. Similar
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observations were also made from a full vehicle test conducted by Lopatka and
Muszynski [27]. The study also concluded that the stability limits are more sensitive to
the steering system properties, cg positions of the front and rear vehicle bodies, and rear
body inertia [25].

He et al. [26] investigated the oversteer jack-knife types of instabilities of an
articulated forestry vehicle using the model reported in [25], and showed that an oversteer
mode could evolve into jack-knife with low torsional stiffness at the articulation. Azad et
al. [29,177,178] developed a multi-body dynamic model of the articulated forestry
vehicle and showed that the rear-mounted load would negatively affect the snaking
stability mode of the vehicle. The reported studies have shown that an increase in tire
lateral force would yield a moderate stabilizing effect while the effects of tire longitudinal
forces and aligning moments were negligible [25,177,178].

The above studies have invariably considered yaw-plane models of the vehicle, where
the contributions of roll motions of the articulated units are assumed to be small. A recent
study [30] has developed a three-dimensional multi-body simulation model of an
articulated wheel loader with an axle suspension to study snaking and roll responses,
while the steering mechanism was represented by equivalent linear stiffness and damping
constants as in earlier studies. The results showed a slightly negative effect of axle
suspensions on the snaking mode of the vehicle, which could be compensated by a
refined design of the steering system. For a given pulse steering torque, a snaking
instability could occur at speeds above 12.6 km/h, which was strongly influenced by the
rear-body inertia and cg position, where the loaded vehicle with heavy rear-unit is most

prone to snaking instability. The study suggested that an axle suspension would yield
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improved ride comfort, while the vehicle directional stability is mostly managed by the
design of the steering system.

The reported studies have established that the directional stability limits of the
articulated steered vehicles are strongly dependent upon the steering system design. The
steering response is a nonlinear function of the steering valve flows, kinematic and
dynamic responses of the steering struts together with the vehicle inertia, which may not
be adequately reflected by the equivalent linear torsional spring and damping constants
that have been invariably employed in the reported models. Kineto-dynamic analysis,
comprising kinematic motions of the struts and dynamics of the vehicle bodies, is vital to
identify desirable design of the steering system for enhancement of the lateral stability of
the vehicle. The kinematic model of the articulation dampers used in the articulated
highway vehicles has been investigated by Rakheja et al. [179], which showed that the
additional articulation damping forces, which are strongly dependent on the geometry of
the dampers, help improve the yaw stability of the articulated vehicle and reduce the side
force demand on the tires. Although the study considered linear dampers at the
articulation joint, the dampers configuration was similar to the hydraulic struts of the
articulated frame steering system.

Furthermore, owing to increased concerns over the vibration exposure and the
associated health and safety risks among the driver, the modern articulated steer vehicles
call for implementations of axle suspensions, so as to enhance vehicle ride vibrations and
thus the preservation of driver’s comfort and health [1,22,30,232]. The integration of axle
suspensions would pose additional challenges in view of vehicle roll dynamics and

stability as well as the strongly coupled vehicle roll and yaw motions [152,155,233]. The
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development of a refined nonlinear vehicle model integrating the kineto-dynamic
characteristics of the steering system and considerations of the articulation joint, struts
geometry, and valve flow properties is thus considered desirable. Such a model could
serve as an important tool to seek improved designs of steering mechanism and analysis
of directional behaviour of the vehicle.

This chapter (paper) provides a fundamental investigation on the effects of the
combined kinematic and dynamic characteristics of the steering system on the vehicle
directional dynamics and stability characteristics. The mathematical formulations of the
steering system kineto-dynamics are derived and integrated within a nonlinear 3-DOF
yaw-plane model of an articulated dump truck. The model also captures the tire-lag
effect. The proposed kineto-dynamic model is validated on the basis of the available
measured data. The vehicle model integrating the kineto-dynamic steering system model
is then applied to evaluate directional response of the vehicle and the influences of
selected steering and vehicle system parameters.

4.2 Kineto-Dynamic Modeling of the Steering System

The steering behaviour of an articulated frame steer vehicle is determined from the
kineto-dynamic of the two hydraulic struts coupling the two units of the vehicle, and
steering control valve. The steering torque developed by the struts is dependent upon the
kineto-dynamics of the struts together with yaw and lateral dynamics of the vehicle units.
In this section, a kineto-dynamics model of the articulated steering system is derived
considering fluid flows through the control valve, which is subsequently integrated within
a nonlinear 3-DOF yaw-plane model of the articulated frame steer vehicle to facilitate

analyses of steering and directional properties of the vehicle.
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4.2.1 Steering system kinematics

Figure 4.1 illustrates the kinematic model of the right and left hydraulic struts coupling
the two vehicle units in the yaw plane. In this figure, /;/, and r;r, represent instantaneous
lengths of the left and right struts, which are attached to the front unit at pivot points /;
and r;, and to the rear unit at pivot points /, and r,, respectively. The pivot points on the
front and rear units are located at lateral distances of a and ¢ from the longitudinal axis of
the respective units, as seen in Fig. 4.1, while b and d denote the longitudinal coordinates
of the articulation joint with respect to the front and rear units, respectively. Angles a;
and o, are the instantaneous yaw angles of the left strut axis /;/, with respect to
longitudinal axes of front and rear units, respectively. Similarly, f; and f, are
instantaneous yaw angles of the right strut axis r;7, with respect to longitudinal axes of
the front and rear units, respectively, and ¢ is articulation angle. From the geometry

shown in Fig. 4.1, relationships between these angles are obtained as:

a=—p+a,; B=p-¢

. LA . R A 4.1
(18] (B -
12 17*2

where the instantaneous strut lengths, L;L, and R|R;, are:

(Lle) = [(LI Al )2 + (LZAl )2 - 2(L1 Al )(LzAl ) COS(% + (0)]%

(4.2)
1
P 1
(RR,)) = [(R1A2)2 + (R2A2)2 —2(R4,)(R,4,) COS(E -9))*
and
c S
LA =a- —ftangp; LA =g+ +ctan g
cos @ cos @ 3)
RA, =a- ¢ + ftangp; R A, =g+ —ctang
cos @ cos @
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X1

Vi

Figure 4.1: Kinematics of the articulated steering system.

4.2.2 Steering system dynamics

The above equations yield kinematic behavior of the hydraulic struts, which is further
dependent upon the hydraulic flows from the control valve, and lateral dynamics of the
vehicle units. Fig. 4.2 illustrates a schematic of the hydraulic steering system and
directions of hydraulic flows during a right-turn maneuver. The steering system consists
of a variable displacement pump with working pressure Ps. The steering control valve
stem displacement Xy, caused by steering wheel rotation 6, permits fluid flows from the
pump to the struts and from the struts to the reservoir. The left- and right-struts develop
forces and steering torque depending upon fluid pressure difference across the strut
piston, strut geometry and strut kinematics.

Valve stem displacement

The vehicle articulation angle is directly related to displacements of the two struts, which
is further influenced by motion resistances due to vehicle and tires. The steering system
dynamics is thus characterized by a closed-loop system. Let ¢, be the articulation angle
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corresponding to a steer input 6, in the absence of the vehicle resistances, such that

©,=K,05,. The constant K; is termed as the open-loop articulation angle to steering gain,

given by [25,26]:

_ (0 ) (4.4)
where (st)max is the maximum steering input corresponding to the locked position, and

((00 )max is the corresponding open-loop articulation angle.

Right Turn

Steering Wheel P, P, Directional valve X
Turn (o 0; Left cylinder
r———--—- l e |

Right cylinder
-—

Xz

Figure 4.2: Schematic of the hydraulic steering system for a right turn.
In the closed-loop model, the vehicle articulation angle ¢ serves as a feedback for the

steering valve. The steering valve stem displacement X is thus governed by the
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difference, § = @, — . Assuming linear relationship between X, and 6 within the
permissible valve stem displacement, -Xp,0c < Xy < Xymar, as shown in Fig. 4.3, the valve

stem displacement can be expressed as:

XV = K25, |5| < 5char
4.5)
X, =X, sen (5); Otherwise
where
+1; 0>0
S)= s
s21() {—1; 0<0

In the above formulation, K is a constant and O, 1S the characteristic articulation
angle error corresponding to maximum valve stem displacement or saturation. This

characteristic value greatly depends on the steering system design. Upon substituting for

Ky = Xymax/Ocnar in Eq. (4.5), the normalized stem displacement X, = Xy /Xymax can

be related to 6;,, and ¢ in the following manner:

Xy,

A

QY

(o7} P

char

77777777 -X

V max

Y
Figure 4.3: Relationship between the valve spool displacement and the articulation error.
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X, = (K8, —9); 6] <,

sw

" (4.6)
X, =sgn(5); Otherwise

Fluid flow rates

The rates of fluid flows to and from the struts, Q; and O,, are related to effective areas of
valve openings and pressure drop across the valve, while the positive sign denotes the
direction of the flow to the struts. The fluid flow rate from the pump to the articulation
struts, Q;, can be expressed as [234]:

2(Py—P,)
Pum

0,=C4, (47)

where Cy is the valve discharge coefficient, 4; is effective valve opening, p,, is fluid mass
density, and P; is pressures of fluid at the valve outlet (Fig. 4.2). Similarly, the rate of
fluid flow from the struts to the reservoir, Q,, can be expressed as:

0,=-C,4, M (4.8)

Pm

where A, is effective valve opening, P, is pressure of fluid discharged by the struts, and
Py is the reservoir fluid pressure, considered to be atmospheric. Assuming identical
opening of the valve at the inlet and the outlet, and a linear relationship between the valve

stem position and the areas (4;,=A4,=KXy), the fluid flow rates are expressed as:
0=CX(R-R);  0,=-CX,\P, (4.9)
where Cr = C4K+/2/p,y, is a constant coefficient. Assuming negligible pressure drop in
the connecting pipes, the flow continuity yields, Ps=P;+P-.

The maximum flow rate through the valve occurs for maximum stem displacement and

pressure drop, such that:
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O = Cr X, (AR, ) (4.10)
where AP is the peak pressure drop across the steering valve. The fluid flow rates to and

from the struts, normalized with respect to O, can be expressed as:

Q_IZ)FV (M_f_ﬁl 0,=-X, (ﬁz)% (4.11)

m

P )%__ _

Whereplzpl/APm > FZ =P2/APm ’Q =Q]/Qmax andéz =Q2/Qmax °

Hydraulic struts

Assuming negligible pressure drop across the connecting pipes and friction in the struts
the fluid pressures within the piston- and rod-side chambers of the left strut, P;; and Py,
and the right strut, Pg; and Pg», respectively (Fig. 4.2), can be expressed in terms of P;
and P:
Py=Fn=R; P,=Fy=Ph (4.12)
The rates of fluid flows to the left and right struts, Q;; and QOg», respectively, are
derived for the control volumes indicated by ‘dashed boxes’ in Fig. 2, considering
leakage flows through the piston seals, Oy, and fluid compressibility [234], such that:

V. V.
QLIZQL+ApXL+?1)L1; QRZZQL—FA;’XR—'—%PRZ (4.13)

where A4, and 4, are the effective cross-section areas of the struts on the piston- and the
rod-sides, respectively, and B is fluid bulk modulus. The leakage flow Q; is linearly
related to the pressure drop across the piston, such that: O; = K; (Pr; - Pr2) = Ki (Pr2 -
Pr)) = K, (P; - Py), where K; is the leakage coefficient. V;; and Vi, define the
instantaneous fluid volumes in the piston- and rod-side chambers of the left and right

struts, respectively, given by:
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Via=Vou+A4,X, 5 Vi =Vop, + 4.X, (4.14)
where Vy;; and Vg, are the initial fluid volumes in the corresponding chambers, X; and
Xp are displacements of left and right strut pistons, respectively, X ;and X rare the
corresponding velocities, which can be derived using the derivatives of the instantaneous

strut lengths, L1, and R R,, presented in Eq. (4.2), such that:

d .
XL:Z(LILZ); Xy =

d

E(RIRZ) (4.15)

Similarly, the fluid flow rates from the left and right struts, O;, and Qg;, can be expressed

as:

Q= —QL — A X, + %PLZ; Qr1 = —QL — ApXg + %Pm (4.16)
The instantaneous fluid volumes in the rod- and piston-side chambers of the left and

right struts, V7, and Vy,, respectively, are given by:

Vio=Vora =AX, 5 Vi =Vop —4, X (4.17)

where V., and Vig; are the initial fluid volumes in the corresponding chambers. The fluid

flow rates to and from the struts, Q; and Q,, are also related to the strut fluid flow rates

from the flow continuity:

Q1 = QLI +QRz ; Qz = QLz +QRl (4.18)

Upon substituting for fluid pressures in different chambers in terms of P; and P, from
Eq. (4.12), the normalized fluid flow rates, Q andé2 , derived from Eqs (4.13) and (4.16),

can be expressed as:

— 2K AP — = (ApXp + A XR) (Vg + Vgy)AP, =
= P,—P P

=+ () 2)+( Omar )+ BOmax OV
—_ ZKLAPm — —_ APXR + ATXL (VLZ + VRI)AP‘H‘L —_

L e LG e et s )

(4.19)

Qmax
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Simultaneous solutions of Egs. (4.11) and (4.19) yield the fluid pressures in the
piston- and rod-side chambers of each strut, P; and P,. Subsequently, the forces
developed by the left and right struts, 7, and Fj, respectively, can be derived from:
F,=PRA ~PA; F,=PA ~P4, (4.20)
The above strut forces derived from the kineto-dynamic model of the steering system are
applied to the yaw-plane vehicle model, presented in the following section, to derive the
steering torque applied to the two units and their directional responses to steering inputs.
4.3 Formulations of the 3-DOF Yaw Plane Vehicle Model
Assuming negligible contributions due to roll motions of the vehicle units, the directional
dynamics of the ASV can be described by a 3-DOF yaw-plane model, as described in
earlier studies [25, 26, 30] and shown in Fig. 4.4(a). The steering system and vehicle
responses, however, would strongly depend upon the kinematics of the articulation struts,
which were characterized by an equivalent linear articulation stiffness in the reported
studies based on effective torque developed by the steering struts. In this study, the yaw
plane vehicle model is formulated considering forces developed by the steering struts,
derived from the kineto-dynamic steering system model, as shown in Fig. 4.4(b). The
equations of motion for the yaw plane vehicle model are derived assuming: (i) small side-
slip angles of tires; (ii) constant forward speed of the front unit; (iii) negligible
contributions of the tire aligning moments; and (iv) the traction forces developed being

balanced by the motion resistances, and expressed as:

Front-unit:

my (i —v18y) = Fyr + Ry
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my(Vy +udy) = Fryr + Fyr + R,

L2y = LpyFryp — Tsp — LR, 4.21)
Rear-unit:

my (i, — v0,) = Fy — Rycosg + Ry sing

my(Vy + updy) = Fryy + E,. — Rysing — Ry cosg

1,0, = —Ly1Fryp + Ty — Lya(Resing + Rycosg) (4.22)
where m; and m; are the masses of the front and rear units, respectively, and /; and 7, are
the respective yaw mass moments of inertia. (u;, v;, €;) and (uz, v, €Q,) are the
longitudinal, lateral and yaw velocities of the front and rear units, respectively. R, and R,
are the internal forces at the articulation joint. The geometric parameters, Ly, L,;, Ly, L,»
and T, are as shown in Figure 4.4. Fpr= Fy;+F,; and Fp,= F,3+F,, are the total tire
cornering forces developed at the front and rear axles, and F); (i=1,..., 4) is the cornering
force developed by tire i. (Fy; Fyy) and (Fy,, F),) are the resultant strut forces acting on the

front and rear units, respectively, along their body-fixed axis system, (x;, y;) and (x2, »>),

given by:
F,=F, cosa + F,cos 5 F,=F sing + F,sin f
F, =-F, cosa, —F,cos f,; F,=-F, sina,—F,sinf, (4.23)

The steering torque acting on the front and rear units, 7 and Ty, are also derived

from strut forces, as:

T, =(F, cosa, — Fj cos Ba+ (—F, sina, — F, sin )b

T =(—F,cosa,+F,cos f,)c+(=F, sina, — F, sin f,)d (4.24)
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(b)

Figure 4.4 (a): Three-DOF yaw-plane model of an articulated dump truck; and (b)
steering struts forces and their orientations.

The constraints posed by the articulation joint yield following relationships for the
forward, lateral and yaw velocities of the two units:

u, =u;cos p— (v, —L,Q,)sin g
v, =u;sing+(v, =L, Q)cosp—L,,Q,
p=(Q, -Q
P =( 2) (4.25)
where ¢ is the articulation rate. Assuming a constant forward speed of the front unit and
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eliminating the internal forces, R, and R,, Eqs. (4.21) to (4.25) yield the following
equations of motion:

Moy — my(Leady + Lyp02;)cosp
= —mouqf)y + merz.Qgsimp — E,sing + (FTyr + Fyr)cosqo + FTyf + Fyf

(11 + mzL%Z).Ql - mszz('ljl - er.oz)COSQD = mszz(ul.Ql - erﬂ%Sin(p) + TSf + LleTyf +
Lgy Fersing — Lgy (Fryy + Fyp)cos@

(I + myL2,) 0 — My Ly (91 — Lepdy)cos@ = myLyy (ugyc059 — (0101 + L 02)sing) +
Tsr — LyiFryr — Lo (Fryr + By) (4.26)
4.3.1 Tire lateral forces

Lateral force developed by an off-road tire can be derived considering first-order tire
dynamics, which permits contribution of the tire relaxation (tire lag) [118, 224].The
lateral force, F); (i=1,..., 4), is defined as a nonlinear function of the corresponding slip
angle a;, such that:

t, F,(0)+F,(t)=-F,K,1-¢™);  (i=1..,4) (4.27)
where the relaxation time 7,, directly relates to relaxation length oy, and the forward speed
u such that: 7, = o, /u. In the above formulation, K);B,; is the cornering coefficient of

tire i, which decreases with increasing normal load F;. The slip angles of the tires are

derived as:
o VL o VL
ou 4T, 2w -TQ,
-L.Q -L.Q
a3=V2 laber 3 a4:"2 aber 3 (4.28)
u, +TQ, u, —1€,

The kineto-dynamic model of the steering system together with the yaw dynamic
model of the vehicle are solved simultaneously to determine responses of the coupled

system and to seek design guidance for realizing enhanced direction performance and
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stability of the vehicle.

4.4 Method of Analysis

The simulations were initially performed under a 90° right-hand turn maneuver for the
purpose of limited validation of the kineto-dynamic steering system model using the
available measured data [197]. The simulation parameters of an un-loaded and loaded
small size articulated dump truck are summarized in Table 4.1, which were mostly
obtained from manufacturer specifications and personal communications [197]. Owing to
the limited available data, the validation was limited only to responses of the steering
struts in terms of pressure differences and piston travel. The steering wheel input,
corresponding to the right-hand turn, estimated from the steering system kinematics and
known strut deflection, is illustrated in Fig. 4.5(a). The validated model was subsequently
used to derive response characteristics of the steering system and the vehicle under a
ramp-step open-loop steady turning maneuver considering a constant forward speed of 15
km/h and a steering rate of about 0.52 rev/s, as shown in Fig. 4.5 (b).

Table 4.1 Simulation parameters.

Vehicle

Parameter Value Parameter Value Parameter Value
m 4200kg L, 0.08m c 0.25m

m;, (Unloaded) 3350kg Lp 1.48m b 1.39m
L,; (Unloaded 0.38m d (Unloaded 0.51m

m; (Loaded) 13450kg LI,,f(Loaded) : 0.68m ; (Loaded)) 0.20m
I 4800 kg.m’ L]’jr jl(ﬁzggz?) (1)2132?; g 0.654m
I, (Unloaded) 3650 kg.m” T 1.0m f 0.087m
I, (Loaded) 14200 kg.m’ a 0.285m oy 0.60m
u 15km/h R, 0.65m

K, 0.65 B, 6 rad’

Steering system

O 32 L/min A, 23 x10"m” K, 3x107°

Py 230 bar 4, 31 X107 m’ Oehar 6.70°

AP, 110 bar (Os)ma +2.62 rev. (L,L5)o 0.74m
Vorr, Vous 1.5x10° m’ D +35° (R,R>), 0.74m
Vori, Voro 1.5x10° m’ B 1x10°Pa (P))o, (P2)o 100 bar
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The kineto-dynamic responses of the steering system were evaluated in terms of

instantaneous orientations of the left- and right-struts, (a;, o) and (5;, f,), strut

deflections (X;, Xz), normalized steering valve opening percentage (X,) fluid pressure
(P;, P»), and resultant strut forces (£, Fr) and torque developed by the resultant struts
forces about the articulation joint (7,), which are functions of the steering system
geometry and instantaneous strut orientations. The vehicle responses are also evaluated in
terms of tire cornering forces and slip angles using Eqgs. (4.27) and (4.28), and the
articulation angle. Owing to significant affects of the load, the analyses are performed for
both the loaded and unloaded vehicles, assuming negligible load transfer through the
articulation joint. The sensitivity of the steering system and vehicle responses to
variations in selected operating and design parameters on the directional response and
stability characteristics of the vehicle are further evaluated to seek design guidance. This
included variations in the steering system design and operating parameters, namely
steering rate (6s,), leakage flows Q;, the maximum flow rate Q.. characteristic
articulation error d.x4-, and initial orientations of the struts. The results are used to identify

desirable design parameters for realizing enhanced yaw stability of the vehicle.
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Figure 4.5: (a) Steering wheel input corresponding to the 90 degrees right-hand turn
maneuver; and (b) Steady-turning (ramp-step) input.
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The yaw stability of the vehicle was evaluated in terms of articulation angle response
of the vehicle and its rate of decay under a pulse steering input. A smoothed trapezoidal-
pulse with duration of 0.5 s and peak amplitude of 100 degrees was synthesized for this
purpose. Under this pulse steering input, the articulation angle response follows an
oscillatory form in which the peaks of the absolute amplitudes of the response follow an
exponential curve. The rate of decay of peaks in the oscillatory articulation response is
described by an exponential function of the form, ¢ = ®,ePt, as presented in [30], where
®, is a constant and p defines the exponential decay of the articulation angle. While a
positive value of p denotes a diverging response, p < 0 would yield a stable directional
response, although the response could be oscillatory. The influences of variations in the
steering system parameters on p are also investigated for both loaded and unloaded

vehicles.

4.5 Results and Discussions

4.5.1 Model validation

Figures 4.6(a) and 4.6(b) illustrate comparisons of responses of the unloaded vehicle
model with the available field-measured data for the 90° right-turn maneuver, shown in
Fig. 4.5(a), in terms of pressure difference (P; -P;) and the left piston travel, respectively.
The simulation results show zero pressure difference and piston travel up to about 20s
prior to application of the steering input, while the measured data reveals small variations
that are mostly attributed to corrective steering and steering system compliance. The
pressure difference and the strut deflection increase rapidly with application of steering

wheel input and decrease as the steering wheel input diminishes.
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Figure 4.6: Compari(sa)ons of left strut pressure difference and pistoi:' travel responses
derived from the kineto-dynamic model under the 90-degrees right-hand turn maneuver
with the measured data: (a) pressure difference; and (b) piston travel (U=15 km/h).

The comparisons show reasonably good agreements of the model responses with
limited available measured data, although some discrepancies between the two are also
evident. In particular, the measured responses exhibit substantial high frequency
variations in the strut pressure, which may be attributed to tire interactions with the
terrain and compliance of the steering mechanism. The articulation angle and path
trajectory of the two units obtained for the unloaded vehicle model are also shown in

Figs. 4.7(a) and 4.7(b), respectively. The variations in the articulation angle follow the

steer input, as it would be expected.
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Figure 4.7: (a) Articulation angle; and (b) Path trajectories of the front and rear units of
the unloaded vehicle subject to 90-degrees right-hand turn maneuver (U= 15km/h).
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4.5.2 Steady-state response characteristics of the steering system

Fig. 4.8 illustrates responses in terms of articulation angle, normalized valve opening Xy,
and strut orientations and travel for both the unloaded and loaded vehicles under the
ramp-step steer input shown in Fig. 4.5(b). The strut orientation responses, however, are
presented only for the loaded vehicle, which were very close to those of the unloaded
vehicle. The struts deflections and articulation angle responses of the loaded vehicle
increase slightly slowly compared to the unloaded vehicle but approach identical steady
values. This may be partly caused by increased flow demand of the loaded vehicle, which
is evident from saturation of the valve opening in Fig. 4.8(b). In case of the unloaded
vehicle, however, the valve remains only partly open during the entire maneuver to meet
the articulation torque demand.

The results further show asymmetric variations in orientations of the left and right struts,
as shown in Fig. 4.8(d). The orientations of the left- and right-struts with respect to the
front unit (a; and ;) vary far more than those of the struts with respect to the rear unit (o
and £). In a similar manner, for the given geometric configuration, the right- and left-
struts also exhibit asymmetric deflections for both loaded and unloaded vehicles, as seen
in Fig. 4.8(c), which is attributable to geometric nonlinearities of the frame steering
mechanism. Moreover, higher pressure difference across the strut pistons results in higher
leakage flows through piston seals in case of the loaded vehicle, where the valve remains

slightly open in the steady conditions.
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Figure 4.8: The steady-steer responses of the loaded and unloaded vehicles and steering
struts: (a) articulation angle; (b) normalized valve opening; (c) strut deflections; and (d)
strut orientations (U= 15km/h).

Asymmetry in the steering strut responses is also evident from the fluid pressure in

the strut, and the resultant strut forces and steering torque at the articulation joint, as seen

in Fig. 4.9. The Fig. 4.9(a) shows variations in pressure difference of the left strut, forces

developed by the two struts (F7 and F) and effective torque developed at the articulation

joint of the loaded and unloaded vehicle models. It should be noted that in the absence of

a steer input both the struts impose identical forces on the two units, which is attributed to

equilibrium fluid pressure and effective working area of the strut (cross-section area of

the rod, 4, -4,). The flow of fluid to/from the struts causes the pressure difference across

the piston, and thus the strut forces and torque to increase until the vehicle assumes a

steady trajectory.
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Figure 4.9: Responses of the steering struts of the loaded and unloaded vehicle subject a
steady-turning steer input: (a) pressure difference across the strut pistons; (b) right- and
left-struts forces, F; and Fp; (c) steering torque at the articulation joint; and (d) front- and
rear-axle cornering forces(U=15 km/h).

The loaded vehicle places a greater demand for the strut forces and articulation
torque, as seen in Fig. 4.9(b) and 4.9(c), respectively, which causes relatively greater
cornering force demand on the tires of the loaded vehicle, as seen in Fig. 4.9(d). The total
cornering force developed by the tires is considerably larger for the loaded vehicle than
for the unloaded vehicle, which also yields greater side-slip angles of the loaded vehicle
tires. The lateral force developed by the front axle tires of the unloaded vehicle and the

corresponding slip angles are higher than those for rear axle. An opposite trend, however,

is evident for the loaded vehicle, which is attributed to considerably higher rear axle load

of the loaded vehicle.
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Parameter sensitivity analysis

In addition to the vehicle load, the steering system responses greatly depend on various
operating and design parameters of the vehicle and the steering system including vehicle
speed, rate of steering, maximum valve flow rate, characteristic articulation angle error,
struts orientations and leakage flows through the piston seals. The influences of
variations in these parameters on the steady-steering responses of the loaded vehicle are
investigated by varying only a selected parameter, while retaining others to their
respective nominal values (Table 4.1). The results attained could provide important
guidelines on the articulated steering system.

The influence of variations in vehicle forward speed on selected responses of the loaded
vehicle and the steering system are initially obtained by considering forward speeds of 10
and 20 km/h in addition to nominal speed of 15 km/h, as seen in Fig. 4.10. An increase in
forward speed resulted in significant increase in lateral acceleration of the front- and rear-
unit, which results in significantly larger axle cornering forces, as seen in Figs. 4.10(a)
and 4.10(b). While the rear unit lateral acceleration increases relatively slowly compared
to the front unit, both units approach nearly identical steady-state lateral acceleration.
Greater axle forces at a higher speed also impose a higher demand for steering torque and
thus the strut forces, as seen in Figs. 4.10(c) and 4.10(d), respectively. The pressure
difference across struts piston thus also increases with increasing speed, as seen in Fig.
4.10(e), while the maximum steering valve openings corresponding to 15 and 20 km/h
speeds remain the same due to valve saturation, as seen in Fig. 4.10(f). The valve opening
increases rapidly with increase in the steering input and approaches its maximum value

near 3.2 s prior to the maximum steer input that occurs near 4 s. subsequently, the valve
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opening saturates to its maximum value (Xyu.) and diminishes as the vehicle

combination approaches desired steady articulation angle.
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Figure 4.10: Effect of the forward speed on: (a) lateral acceleration of the front and rear

units; (b) lateral forces due to front and rear unit axle tires; (c) steering torque; (d) struts

forces; (e) pressure difference across the struts pistons; (f) normalized valve opening.
The steering system responses, particularly the flow demands, are most significantly

affected by the rate of steering input. The influence of steering rate on the steering system

and vehicle responses are evaluated by considering £25% variations about the nominal

steering rate, which rate of steering shown in Fig. 4.5(b). An increase in steering rate
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yields higher struts velocities and articulation rate, which poses greater flow demand, as
seen in Fig. 4.11. The strut deflections and articulation angles, however, converge to
identical steady values, irrespective of the steering rate, as expected. The higher flow
demand corresponding to a rapid steering causes rapid valve opening and greater
saturation, as seen in Fig. 4.11(c). This together with fluid compressibility yields
oscillations in pressure difference across the struts pistons, and thus the articulation
torque, as seen in Figs. 4.11(e) and 4.11(f). A higher steering rate may thus lead to
oscillations in the articulation angle and thus weaving motion of the vehicle.

The steering valve saturation is directly related to characteristic articulation angle
erIror d.pnq- Fig. 4.12 illustrates dependency of the system responses on d.4,, Which is
varied by £25% around its nominal value. The Fig. 4 shows responses in terms of
normalized valve openingYV, normalized flow rateﬁl, articulation angle, pressure
difference across the struts pistons, and steering torque at the articulation joint. A lower
value of .44 causes rapid valve opening and saturation, and a higher flow rate. A rapid
articulation angle response could thus be obtained with a lower .44, as seen in Fig.
4.12(b). A further decrease in d., by -50%, however, causes oscillations in the responses
during valve closing and may lead to snaking instability. This is evident from the
divergent pressure differential and steering torque responses, where J.x,- 1s reduced by
50%, as seen in Figs. 4.12(d) and 4.12(e), respectively. This is most likely caused by

relatively higher fluid pressure in the struts.
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Figure 4.11: Effect of rate of steering input on: (a) struts travel; (b) articulation angle; (c)
normalized valve opening; (d) normalized flow to/from the struts, Q , Qz; (e) pressure
difference across the struts pistons; and (f) steering torque at the articulation joint.

Flow saturation attributed to maximum valve opening could be circumvented by
increasing the maximum valve flow rate Q,..,, as seen in Fig. 4.13(a). The corresponding
pressure differential across the strut piston increases leading to a slightly higher steering
torque, as seen in Fig. 4.13 (b). With an increase in maximum valve flow-rate, the valve

remains only partly open to meet the flow demand of the system, which yields slightly
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faster steering torque response. Conversely, a reduction in valve flow rate by 25% causes
valve opening saturation for a relatively longer duration, while the steering torque and
thus the articulation angles approach their respective steady-values at a slightly slower
rate. Irrespective of the maximum valve flow, the vehicle and the steering system
approach identical steady values. A further increase in Q. by 75%, however, yields
oscillatory responses during valve closing and may lead to weaving motion of the
vehicle, which is also evident from the divergent pressure differential and steering torque
responses, as seen in Figures 4.13(c) and 4.13(d), respectively. This is most likely caused
by relatively higher fluid pressure in the struts.

The results in Figs. 4.10 to 4.13 suggest that reducing the maximum valve flow-rate
or increasing the characteristic articulation angle error would result in higher steering
response time. This can be associated with relatively higher effective damping of the
steering system. The reported studies have characterized the hydraulic frame steering
system by equivalent torsional damping and stiffness at the articulation joint [25, 26, 28-
30, 177, 178]. These have shown that a higher torsional damping of the articulation
system 1s desirable for enhanced snaking stability limits of the vehicle through the
steering system.

The leakage flows through the piston seals can also significantly alter effective
damping of the steering system and thus the yaw responses of the vehicle. The leakage
flows across the piston are dependent upon the pressure difference, hydraulic fluid
properties, and the leakage area, and are described by the flow leakage coefficient K;
considering laminar flow. The effect of leakage flows through the piston seals on the

system responses is thus investigated by considering three different values of K;: K;=0
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(no leakage); K;=3x10"" (nominal); and K,;=15x10"" (greater leakage). Fig. 4.14

illustrates the influence of variations in K; on selected kineto-dynamic responses of the
steering system including normalized valve opening, normalized leakage flows EL,

normalized flow rates, 61 and 52 fluid pressures, P; and P,, pressure difference, steering

torque, and articulation angle.
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Figure 4.13: Effect of the maximum valve flow rate O, on: (a) normalized valve
opening; (b) articulation angle; (c¢) pressure difference across the struts pistons; and (d)
steering torque at the articulation joint.

As expected, variations in K; yield only minimal changes in pressure difference
across the struts pistons, while the leakage flow increases for a higher value of K;. For a
higher leakage flow, however, the flow rates, 51 and 62, converge to non-zero values,
which suggests continued flow demand due to higher leakage apart from the fluid
compressibility effect. This is also evident from Fig. 4.14(a), which shows that the valve
remains slightly open in the steady-state, when a higher value of K}, is considered. In this
case, the fluid pressures in the strut chambers also continue to decrease, although the
pressure difference and steering torque approach their respective steady values, as seen in
Figs. 4.14(d), 4.14(e) and 4.14(f), respectively. The fluid pressures in the chambers,
however, approach steady values in the absence of the leakage flows (K;=0), as seen in

Fig. 4.14(d). While the leakage flows contribute to effective damping of the steering
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mechanism, too large a leakage imposes continued flow demand and alters the

articulation angle response slightly, as seen in Fig

L 4.14(g).
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The response characteristics of the vehicle and steering system and the effective
damping of the steering mechanism are also dependent upon its kinematics apart from the
flow characteristics. The sensitivity of the system responses to steering system geometry
is further examined by considering variations in orientations of the left- and right-struts
with respect to the longitudinal axes of the front (a; and f;) and rear (a, and $) units,
which are function of lateral spread of the struts mounts on the front and rear units and
length of the struts, as described in Egs. (4.1) to (4.3) and shown in Fig. 4.1. The
influence of variations in struts orientations is investigated considering two sets of
geometric parameters. In the first case, lateral spread of strut mounts on the lead unit
(parameter a) is increased by 15%, while that of the mounts on the rear unit (parameter c)
is decreased by 15% from the respective nominal value. This causes the orientation
angles (a;, o) and (B, f,) to increase to -8.8° and 8.8°, respectively from the nominal
values of -2.7° and 2.7°. In the second case, parameter a is decreased by 15%, while
parameter c is increased by 15%, which resulted in a; = a,=3.5° and f; = f,=-3.5°.

The effect of such variations in steering system responses are illustrated in Fig. 4.15,
where the simulation runs are denoted by respective angle o = a; = a,. A decrease in
lateral spread ¢ (a=-8.8°) yields greater struts deformations and thus greater flow demand
that causes the valve to saturate relatively rapidly, as seen in Fig. 4.15(a) to 4.15(c),
respectively. This yields relatively lower pressure differential and thus lower forces
developed by the struts, as seen in Figs. 4.15(d) and 4.15(e), respectively. The greater
kinematic advantages, however, cause steering torque, comparable to the nominal case, to
achieve the desired articulation angle. Increasing the lateral spread ¢ (a =3.5°) results in

lower initial struts lengths and struts deflections compared to the nominal case. This
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poses a lower flow demands and thus the valve remains only partly open during the entire

maneuver. The pressure differential and thus the struts forces, however, tend to be higher.
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Figure 4.15: Influence of variations in struts orientations on:(a) struts deflections; (b)
normalized valve opening; (c) normalized flow rate to the struts Q, ; (d) pressure
difference across the strut pistons; (e) resultant strut forces; and (f) steering torque

developed at the articulation joint.

4.5.3 Yaw stability analysis

The snaking instability of ASVs has been evaluated through eigen-analysis of the vehicle

model assuming linear equivalent stiffness and damping properties of the steering
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mechanism, and linear tire cornering properties [25,26,30,177]. For the non-linear kineto-
dynamic model considered in this study, the snaking stability can be evaluated from
articulation angle response of the combination under a pulse steering input, where a
divergent response would indicate a yaw or snaking instability of the vehicle [30]. As an
example, Figs. 4.16(a) and 4.16(b), respectively, illustrate articulation responses of the
unloaded and loaded vehicle models subject to a pulse steering input at a forward speed
of 15 km/h. The results show oscillatory yaw responses of the vehicles with oscillation
frequencies of 4 Hz and 2.3 Hz for the unloaded and loaded vehicles, respectively. The
amplitudes of oscillations tend to decay in an exponential manner indicating stable yaw
response, while the oscillation frequency represents the snaking mode frequency. This
frequency greatly depends on inertias of the two units, the steering system kinematics and
flexibility, which has been characterized by an equivalent torsional stiffness at the
articulation joint [25,26,30,177]. Apart from the frequency, the rate of decay of
oscillations, p, is also an important indicator of the snaking stability, in-particular, the
effective system damping, which is further dependent upon the vehicle speed. A snaking
mode diagram, illustrating variations in p with vehicle speed, is used to study the effects
of the selected kineto-dynamic design parameters of the steering system on the snaking
stability of the vehicle.

The snaking mode diagrams of the unloaded and loaded vehicle models with nominal
steering system parameters (Table 4.1) are illustrated in Fig. 4.17. The results suggest
lightly damped snaking mode at low forward speeds. The rate of decay of oscillations
increases with speed up to 30 and 45 km/h for the unloaded and loaded vehicles,

respectively. The addition of load to the rear body of the vehicle would result in lower
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decay rate at speeds below 37km/h, as seen in Fig. 4.17. The rate of decay of yaw
oscillations tends to decrease with increase in speed beyond 30 and 45 km/h for the
unloaded and loaded vehicles. This suggests greater yaw oscillations or snaking
tendencies of the vehicles at higher speeds. The results show that the decay rate of the
loaded vehicle approaches a positive value (p > 0) at a speed of 90 km/h, where the yaw
response would be divergent. The unloaded vehicle exhibits yaw instability at a relatively
higher speed of 120 km/h. Relatively lower stability limit of the loaded vehicle is
attributable to greater inertia of the rear unit and shifting of the rear unit center of mass
toward the articulation joint, which can further deteriorate the snaking stability of the
vehicle [30]. The observed stability limits are considerably higher than those reported in
earlier studies [25, 26, 30, 177], which do not consider the damping effect due to leakage
that tends to enhance the stability limit. The obtained trend of the obtained snaking mode
diagram is comparable to that obtained by He et al. (2005) for 3 DOF model of forestry
skidder with equivalent torsional stiffness of (2x10°) at articulation joint and also with
the results obtained by Rehnberg and Edrén [236] for a planar linear model of wheel

loader considering no extra weights.
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Figure 4.16: Examples of articulation angle responses corresponding to a stable snaking
mode of (a) unloaded; and (b) loaded vehicle (U=15 km/h).
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Figure 4.17: Influence of the vehicle speed on the snaking stability of the unloaded and
loaded vehicles.

Parametric sensitivity analysis

The yaw oscillations and snaking stability of the vehicle greatly depend on many kineto-
dynamic design parameters of the steering system, apart from the vehicle geometry and
inertia, and tire properties. The influences of variations in selected kineto-dynamic design
parameters of the steering system on the decay rate of yaw oscillations and snaking
stability are investigated. These include the characteristic articulation angle error d.j4,
maximum flow rate through the valve Q,., leakage flows Q;, and struts orientations,
where only a selected parameter is varied at a time, as described in the previous section.
The effective damping of the steering mechanism is directly influenced by the
leakage flows Q;, characteristic articulation angle error ., and the maximum valve
flow rate Q... The leakage flows across the piston seals, in-particular, affect the effective
damping significantly. Figure 4.18 illustrates the effect of leakage flow coefficient on the
decay rate p of both the loaded and unloaded vehicles. The results are presented for K;=0
(no leakage), K;=3x10""* (nominal) and K;=15x10"" (enhanced leakage). The absence of
leakage flows (K;=0) yields lowest decay rate and thus the effective damping. The results

exhibit that critical speed of the vehicles decrease to nearly 60 km/h in absence of
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leakage. The observed stability limits for K;,=0 are quite comparable with those reported
in earlier studies considering equivalent torsional stiffness of the steering mechanism at
the articulation joint [25, 26, 30, 177]. Introducing the leakage flows across the piston
seals results in higher effective damping and thus considerably higher stability limits.
While a higher leakage flow seems to be beneficial for enhanced snaking stability limit of
the vehicle, too high a leakage flow would yield continuous valve opening to provide

sufficient steering torque and may lead to failure of the hydraulic steering system.
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Figure 4.18: Influence of variations in leakage flow on the decay rate of yaw oscillations

of the: (a) unloaded; and (b) loaded vehicles.

The influences of variations in the characteristic articulation angle error and
maximum valve flow rate on the yaw oscillation decay rates of the unloaded and loaded
vehicles are shown in Fig. 4.19. The results are obtained considering +25% variations in
both the parameters about their respective nominal values. The results suggest that an
increase in . Or @ decrease in O, would yield relative greater damping effect and
thereby higher yaw stability limits. This is mainly attributed to relatively slower opening
of the steering valve and higher pressure drop across the steering valve. A lower value of
Ochar OT @ higher O, yields lower stability limits of both unloaded and loaded vehicles,
compared to those obtained for the nominal parameters. The results show that the critical

speeds or yaw stability limits of the unloaded vehicle decrease to 85 and 90 km/h,
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respectively for -25% and +25% variations in J.4, and Q... For the loaded vehicle, the

corresponding stability limits decrease to about 75 and 80 km/h, respectively. The

maximum decay rates of yaw oscillations, however, occur at the same forward speeds,

near 30 km/h and 45 km/h for the unloaded and loaded vehicles.
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The results in Figs. 4.18 and 4.19 suggest that effective damping of the steering

mechanism greatly depends on dynamic flow properties of the steering system coupled

with dynamics of the vehicle. Such dependencies may not be adequately characterized by

a linear equivalent torsional stiffness and damping model of the steering mechanism as

reported in [25-27, 29, 30]. Furthermore, the reported equivalent models cannot describe

the steering system kinematics, which also affects the yaw stability limits of the vehicle.

The influence of the steering system kinematics on the snaking stability of the unloaded
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and loaded vehicles is examined by considering different orientations of the struts (o = -
8.8°; -2.7°; 3.5°), as described in the previous section. Fig. 4.20 illustrates the effect of
struts orientations on the decay rate of articulation angle responses of the unloaded and
loaded vehicles. The results clearly show important effects of struts orientations on the
decay rate and thus the stability limits. The results show that an decrease in lateral spread
¢ (a = -8.8°) would yield higher yaw stability limits, while increasing the lateral spread ¢
(a =3.5°) yields lower stability limits of both unloaded and loaded vehicles, compared to

those obtained for the nominal orientation angles (o = -2.7°).
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Figure 4.20: Inﬂue(:l)ce of variations in struts orientations on the r(:te of decay of
articulation angle responses: (a) unloaded; and (b) loaded vehicle.

4.6 Conclusions and Design Guidance

A non-linear 3-DOF yaw plane model of an articulated steer vehicle was formulated in
conjunction with the analytical model of the kineto-dynamics of the steering system,
which was validated using the available field measured data. The formulated system
model and thus developed simulation platform would provide a useful tool for
investigating the response characteristics of the steering mechanism and yaw stability of
articulated steer vehicles, contributing to enhanced design of the articulated steer vehicle

system. On the basis of the detailed analyses and results discussions, some major

conclusions and design guidance are summarized below:
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The directional responses of an articulated steer vehicle are strongly dependent
upon the kineto-dynamic properties of the steering mechanism. The steering
responses and yaw stability limits are most significantly affected by the effective
damping of the steering mechanism, which is dependent upon the maximum valve
flow rate, the characteristic articulation angle error, and the leakage flows within
the struts and struts orientations.

Under a rapid steering input, the struts impose greater flow demand to generate
desired articulation torque leading to steering valve saturation, which may cause
oscillatory articulation response and thus weaving motion of the vehicle.

A lower value of the characteristic articulation angle error also yields rapid valve
opening and saturation. Too low a value of the characteristic articulation angle
error could lead to snaking instability.

The struts geometry also affects the effective damping and the yaw stability limits
of the vehicle. Increasing the struts orientation angle yields greater strut travel and
thus greater flow demand and valve saturation.

The steering valve saturation should be avoided since it results in relatively lower
pressure difference across the strut piston and thus lower strut forces and
articulation torque. The valve flow saturation could be circumvented by
increasing the maximum valve flow rate, while too large a valve flow rate could
also yield weaving motion of the vehicle due to large pressure differential across
the strut piston.

Reducing the maximum valve flow-rate or increasing the characteristic

articulation angle error would result in increased steering response time, which is
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attributable to relatively higher effective damping of the steering system. Leakage
flows across the strut piston help enhance effective damping substantially and
thus the yaw stability limits of the vehicle. Too large a leakage, however, imposes
continued flow demand from the steering valve and may lead to failure of the

struts.
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Chapter 5

A Three-Dimensional Model of an Articulated Frame-Steer
Vehicle for Coupled Ride and Handling Dynamic Analyses

5.1 Introduction

Articulated frame steer vehicles (ASV) with their enhanced mobility and
maneuverability on paved as well as off-road terrains are widely used in the construction,
forestry, agricultural and mining sectors. Such vehicles exhibit complex ride and
directional performance attributed to their high mass center (cg), relatively soft tires,
wide variations in load and load distribution, and kineto-dynamics of the frame steering
mechanism. Furthermore, these vehicles are generally unsuspended; the soft and large
diameter tires coupled with high mass center cause comprehensive magnitudes of low
frequency translational and rotational whole-body vibration (WBV), when operating on
off-road terrains. Prolonged occupational exposure to such WBV has been strongly
associated with various health and safety risks among the drivers [5,6]. A number of
studies have shown that the ride vibration of such vehicles exceed the health caution
guidance zone defined in ISO-2631-1 [3], and the ‘action’ and/or ‘limit’ values defined in
the EC guidelines [1,2,4,7,51]. The control of terrain-induced vibration is generally
limited to elastic cabin mounts that provide attenuation of only higher frequency
vibration and a suspension seat to isolate only vertical vibration, when adequately tuned
to the target vehicle. Furthermore, the ride vibration attenuation performance of
secondary suspensions (seat and cab), generally derived from the subsystem models
[9,10,13-15], are limited due to lack of consideration of dynamics of the target vehicle

[11]. While the superior performance potentials of axle suspension have been widely
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demonstrated in limiting the translational as well as rotational vibration, the suspension
designs and implementations have been attempted in only a few studies [17-21]. This
may in-part be attributed to design challenges associated with conflicting requirements
posed by the ride and roll stability measures, and wide variations in the axle loads.

Apart from the complex ride, such vehicles also yield relatively lower directional
stability limits, particularly greater jack-knife and snaking tendencies, and reduced roll
stability, due to high cg and vehicle load coupled with kinematics and dynamics of the
steering system [29,157-159]. While the wide and large diameter soft tires are beneficial
in realizing improved traction and ride performance during off-road operations, the lower
effective tire roll stiffness and track width tend to lower the roll stability limit. This would
be of greater concern when operating on paved roads at relatively higher speeds.

Compared to the heavy road vehicles, the ride and handling properties of ASVs have
been addressed in very few studies. The ride properties of such vehicles have been mostly
evaluated through field measurements. The reported off-road vehicles analysis models
focus either on ride properties assuming constant forward speed, non-deformable terrain,
and negligible contribution due to steering system and vehicle articulation [17-23,232], or
directional responses assuming smooth terrain surface and thereby neglecting the
contributions of vertical tire interactions with the terrain [29,157-159,235]. A number of
ride dynamic models of different off-road vehicles have been employed to explore
performance potentials of axle suspensions, and influences of various design and
operating factors on the ride performance [17-23,232]. These have mostly focused on
different passive and semi-active axle suspensions for agricultural and military vehicles

[43,93-100]. Rehnberg and Drugge [21] developed virtual multi-body models of an
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articulated wheel loader with and without axle suspensions using MSC/ADAMS software
to investigate the effects of front and rear axle suspensions on vehicle ride, which
revealed significant reductions in the longitudinal and vertical accelerations.

In a similar manner, the analyses of directional stability limits of off-road vehicles
have been limited to very simple models [174,175]. The extensive studies on heavy road
vehicles, on the other hand, have evolved into not only comprehensive simulation models
but also a series of directional performance measures [45,170,173, 180,195,236,237].
This may be partly attributed to low operating speed of off-road vehicles. The ASVs,
however, also operate on paved roads at relatively higher speeds, where the roll stability
limit would be of concern. Furthermore, roll instability may occur even at lower speeds.
Uneven sinkage of left and right wheels on deformable terrains could yield greater lateral
load transfers and sprung mass roll displacement moment, and thus lower roll stability
limit. Furthermore, it has been shown that the slope stability of an ASV could be 13° less
when steered to full-lock position compared to that observed during straight driving
[175]. The yaw stability limits of ASVs have been investigated using simple 3-DOF yaw-
plane linear models, where the contributions due to kinematics and dynamics of the frame
steering, the roll motions of the articulated units and vertical tire-terrain interaction are
ignored. The steering system is characterized by equivalent linear torsional stiffness and
damping elements, while the kinematic properties of the steering mechanism are entirely
ignored [28,29,157-159]. The yaw stability limit of an ASV is most significantly affected
by the effective damping of the steering mechanism, which is dependent upon kineto-
dynamics of the steering struts, leakage flows and the characteristic steering valve flow

rate [235]. A few studies have also investigated static stability of ASVs on slopes/cross-
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slopes for developments in rollover protection structures and rollover early-warning
devices [34-38,174-176].

Unlike the heavy road vehicles, the vertical tire interactions with off-road terrains
could cause substantially higher variations in tire vertical and lateral forces, and thereby
affect the vehicle directional performance, particularly the roll stability limits. Owing to
increasing demands on the high speed ASVs for both on- and off-road operations, the roll
stability analysis of these vehicles becomes an important issue in addition to the ride
dynamics. The analyses of both the ride and directional properties of ASVs require
simulation models incorporating kineto-dynamics of the frame steering system and
dynamic tire interactions with random off-road terrains. Such models could provide
important design guidelines for the suspension and steering mechanism for realizing
improved compromises in ride and roll performance.

In this study, a comprehensive three-dimensional model of an articulated frame steer
vehicle with and without a rear axle suspension is developed to investigate ride and
directional responses of the vehicle. The model incorporates kineto-dynamic properties of
the frame steering mechanism and tire interactions with the random terrain tracks, while
assuming constant forward speed. The proposed model is validated on the basis of the
field-measured ride vibration data, and the steering strut responses under a steady-turn
steering input. The yaw and roll dynamic responses of the vehicle are evaluated under
different dynamic maneuvers. The influences of variations in the selected design and
operating parameters including suspension and steering system parameters and vehicle
load on the ride performance and stability limits are further presented through a

parametric study.
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5.2 Vehicle Model:

A three-dimensional ride and yaw/roll directional dynamics model of an ASV with
and without a rear axle suspension is developed. For the unsuspended ASV, each unit
together with the axle is considered as a rigid body with 6 degrees-of-freedom (x-
longitudinal; y-lateral; z-vertical;@-roll; @-pitch; and ¥-yaw). For the suspended ASV, a
torsio-elastic rear-axle suspension is considered that can provide softer ride with greater

roll stiffness [22].

Figure 5.1: Body-fixed axis systems defined for the articulated frame steer vehicle with
two sprung masses and one unsprung mass.

The coupled differential equation of motion for the front and rear units (i =f, r) are
derived considering respective body-fixed coordinate system (i, js;, ks 5 i =f, r), as shown
in Fig. 5.1. Figures 5.2 and 5.3 illustrate the unsuspended ASV model in the pitch, roll
and yaw planes, while the roll plane model of the rear unit with a torsio-elastic
suspension is shown in Fig. 5.4. Each suspension unit comprises two elastic torsion bars,
reinforced with a steel rod, attached to the sprung and unsprung units (shown with grey
shading in Fig. 5.4). The two torsion bars are coupled through a link of nearly elliptical

cross-section. Each link is modeled as a rigid body with three-DOF: lateral, y;; roll,®;;
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and vertical z;, where j=L, R denote left- and right-suspension unit. The equations of
motion for the front (i = f) and rear (i = r) units are derived as:

Longitudinal: msiusi — My (Tsivsi - qSiWSi) = Fle. + F... + Fle. + FxCi + FxGi

xsr
Lateral: Mg Vs — Mg (PsiWs; — Tsihsi) = B, + By, + B, + E o+ Ey
Vertical: MgiWsi — Mg (qsiltsi — PsiVsi) = Fopy + B, + B+ By,
Roll Luxsi = Clyyy = Loz, MsiTsi = Mg, + My + My + My,
Pitch: lyygQsi — (IZZsi o Ixxsi)pSirSi = My, + My, + Myg, + My,
Yaw: ozt = (e, = Ly, MsiPsi = My, + My, + My, (5.1)

where mg; is mass of unit i (i = f,7), and Ly, I

yy; and I, are the mass moments of

inertia about the fixed axis (iy, jg, ksi), respectively. For the rear unit, these represent the
total values of the sprung and unsprung units in the absence of the suspension.
(ugi, vsi, Wg;) are the longitudinal, lateral and vertical velocities of unit i, respectively;
and (ps;, gsi, Tsi) are the corresponding roll, pitch and yaw velocities. Fy,, .= Fiepy + Fip,
and Fy, = Fy,., + Fyare the total tires forces acting on the front and rear unit,
respectively, and Fy,is the force developed by tire / (/=1, ..., 4) along the corresponding
body-fixed axis k (k = x,y, z), and M, are the corresponding moments. (F,,, and F, )
are the forces imposed on unit i (i = f,7) by the hydraulic steering struts along the
respective body-fixed x- and y-axis, respectively. M. are the moments due to steering
strut forces about the corresponding body-fixed axis k (k = x,y,z) of unit i (i = f, 7).

Fy . are the forces acting on the rear unit due to rear axle suspension, when present, along

S
the axis k (k = x,y,z), and My, are the corresponding moments. Fy ., and M, are the

articulation constraint forces and moments acting on unit i (i = f,r) along axis k

(k = x,y,7), respectively. Fy . are the components of the gravity force of unit i along the
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corresponding body-fixed axis k (k = x,y,z). Assuming small side-slip angles of tires,
constant forward speed of the front unit and that the traction force developed is balanced
by the motion resistances, the equation of motion along the x-axis may be omitted.

For ASV with the rear axle suspension, the equations of motion for the unsprung
mass are derived using the body-fixed coordinate system (i,, j,, k,) attached to the center
of mass (cg) of the rear axle, while those of the linkages are formulated with respect to an
axis system fixed to center of each linkage (i;, j;, kj); j= L, R, where subscripts “L” and

“R” refer to the right- and left-suspension linkage, respectively.

FTzl

Figure 5.2: Schematic representation of the unsuspended vehicle models in the pitch
plane
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Unsprung mass:

muvu - mu(quu) = Fyru + FySu + FJ’Gu

myw, + m,(pyv,) =F,. +FE,. +F

ZTu Zsu ZGu

Ixxupu = MxTu + Mx_gu (5.2)

Suspension linkage masses:

m;v; —m;(pjw;) = B, + By,

ZSj ZGj

Ixxjpj = stj G=RL) (5.3)
where m,, and Iy, are the mass and roll mass moment of inertia of the unsprung mass,

respectively, and v, w,, and p,, are the lateral, vertical and roll velocities of the unsprung
mass, respectively. F, and F, are the total forces due to right- and left tires along the
y- and z-axis of the axis system attached to the unsprung mass, respectively, and M, is
the corresponding roll moment. F,, and F,, are the total forces developed by the left-

and right-suspension acting on the unsprung mass along the y- and z-axis, respectively,

and M, is resulting roll moment. F, . and F,_ are the components of the gravity force
along the y- and z-axis of the unsprung mass. m; and Ixxj are the mass and roll mass
moment of inertia of the suspension link j, j=L, R, respectively. v;, w;and pj,

respectively, denote the lateral, vertical and roll velocities of the link ;. Fysj, FZS].

and st,-
are the total suspension forces and moment due to suspension linkage j (j=L, R) acting

along y-, z- and x-axis of the coordinate system fixed to the linkage mass, and F, Gjand

F, ¢ are the components of the gravity force along the respective axis.
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Figure 5.3: Schematic representation of the vehicle models: (a) roll-plane; and (b) yaw
plane.

The vehicle attitude and trajectory are defined with respect to a fixed inertial
coordinate system (ig, jz, kg), as shown in Figs. 5.1 to 5.4. The relationship between each

of the body-fixed axis system and the inertial axis system are obtained using the
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corresponding Euler angles, which define the transformation matrices between the body-
fixed and inertial axis systems. Euler angles, describing yaw (¢), pitch (8), and roll (¢)
rotations of each rigid body, are thus defined for formulating the transformation matrices,
which also define angular displacements of each body with respect to the inertial axis
system. The Euler angular velocities of the sprung mass (¢g;, Os;, @s; ;i = f,7), unsprung
mass (¢b,) and the suspension linkage mass (¢ i3 J = L, R) with respect to the inertial axis

system can be related to the rotational velocities in the fixed-body coordinated system

[189], such that:

ground ‘\

Figure 5.4: Roll plane model of rear unit with a torsio-elastic suspension (rear view)

bsi = psi + (gsiSings; + r5cosd ) tandy;

. . . 1 .
Osi = (qsicosd)si - rsiSlnqbsi); Psi = m (QSiSln(psi + rsicosd)si) 5
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bu =pu+ (perianr; ¢j =p;t+ PsrSinbg, (5.4)
Equation (5.4) can be integrated numerically to obtain the Euler angles and thus the

angular displacements of the rigid bodies, ¢;, O, @si, Py, and ¢p; . The transformation

matrices relating different axis systems can thus be derived from the corresponding
rotational matrices about the z-, y-, x-axis of the sprung masses, unsprung mass and the
linkage masses [189].

5.2.1 External forces and moments:

Suspension forces and moments

The torsio-elastic suspension, as described in details in [22], is characterized by its radial
and torsional visco-elastic properties. Each torsion bar is modeled using equivalent linear
stiffness and damping along the vertical (k., c;) and lateral (k,, c,) axes, and the torsional
stiffness and damping (k;, ¢;), as shown in Fig. 5.4. The total rear-axle suspension forces
(Fys,, Fys,), and moments, (Mygs , Mg , M, ), developed by the right (R) and left (L)
torsio-elastic suspension, acting on the sprung mass in the corresponding coordinate
system (i, g, ksr), can be expressed as:

F.

ySr = —F

YSsr ~ FyssL; FZSr = _FZSSR - FZSSL;

MxSr = _stsR - stsL + thySr + Ly (FzssL - FzssR)

Mys, = —=Ly1Fzs, 5 Mys,, = Ly1Fys, (5.5)
Similarly, the total suspension forces and moments acting on the unsprung mass along its

coordinate system (Fyg, , Fs, , Myg, ) are obtained as:

FySu = FySuR + FySuL; FZSu = FZSuR + FZSuL;
My, = Mys, , + Mys,, + hoFys, + (L1 + Lo)(Fys,p — Fusy,) (5.6)

where Fyskjand FZSkj are the forces developed by suspension j (j=L, R) acting on the
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mass k (k=s,u; where s and u denote the sprung and unsprung mass, respectively). stkj,
MySk,- and Mzskj are the moments developed by suspension j (j=L, R) acting on the sprung

mass and stuj are the roll moments acting on the unsprung mass, as shown in Fig. 5.5.

hy, hy, Ly, Ly and L, are the geometric parameters shown in Figs. 5.2 to 5.4.

e
S

Figure 5.5: Suspension and tire forces and moments acting on the sprung mass and rear
axle
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The suspension forces are derived from the relative velocities and displacements
across torsion bars coupling the sprung mass to the link, Fysp]- and Fzspj(denoted by joints
Sr-Prs and S;-Pps in Fig. 5.5), and acr<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>