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ABSTRACT

OPTIMAL SUSPENSION DAMPING AND AXLE VIBRATION
ABSORBER FOR REDUCTION OF DYNAMIC TIRE LOADS

Venu Muluka

Variations in the dynamic tire forces of commercial freight vehicles, known to accelerate
the road damage, are strongly related to vibration modes of the vehicle associated with
vertical and pitch motions of the sprung and unsprung masses. The high levels of tire
induced road damage caused by heavy vehicles has prompted a growing demand for the
design of road-friendly vehicles. In this study, the enhancement of road friendliness of
heavy vehicles is investigated using two methods to control the resonant forces:
(i) Determination of optimal asymmetric force velocity characteristics of the suspension
dampers to control the tire forces corresponding to the resonant modes; (ii) Optimal
design of an axle vibration absorber to control the tire forces corresponding to the
unsprung mass resonant modes. An analogy between the dynamic wheel loads and the
ride quality performance characteristics of heavy vehicles is established through analysis
of a linear quarter-vehicle model to illustrate the potential benefits of optimal damping.
Since the vehicle ride quality and dynamic wheel loads are both related to vehicle
vibration modes, the suspension damping considered adequate for improved ride quality
can lead to enhanced road friendliness of the vehicle. Assuming negligible contributions
due to roll dynamics, an in-plane analytical model of a three axle truck is formulated with
linear and non linear suspension springs. The validity of the analytical models of

nonlinear suspension components is asserted with the experimental data. A weighted

I



optimization function comprising the dynamic load coefficient (DLC) and the overall rms
vertical acceleration at the driver’s location is formulated to determine the design
parameters of the damper and axle absorbers for a range of vehicle speeds and road
roughnesses. It is concluded that the implementation of tuned axle absorbers can lead to
reductions in the DLC ranging from 11.5% to 21%, and the optimal asymmetric damping
can provide considerable reduction in both the overall rms acceleration and the DLC due

to tire forces.
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CHAPTER 1

INTRODUCTION AND REVIEW OF LITERATURE

1.1 INTRODUCTION

Commercial freight vehicles transmit high magnitudes of dynamic wheel loads to
the pavement and bridges leading to their rapid fatigue and premature failure. The gross
vehicle weight and axle loads of commercial vehicles have been considerably relaxed
during the past few decades in an attempt to enhance the freight transportation economy.
Various studies conducted by transportation research organizations and regulatory bodies
have established that the directional stability and control, ride vibration environment, and
dynamic tire forces of heavy vehicles are strongly affected by the increased size and
weight in an adverse manner [2]. The dynamic wheel loads (DWL), arising from the
dynamics of the vehicle and the tire-road interactions are believed to be an important
cause of the premature pavement damage. They are known to cause high magnitudes of
bending and shear stresses in the pavement structure, leading to reduced pavement life.
The dynamic wheel loads due to heavy vehicles can increase pavement wear by 50 to
400% at the most severely loaded locations [3]. Both the dynamic wheel loads and the
ride quality are directly related to the vibration modes associated with vertical, pitch and
roll motion of the vehicle.

Heavy vehicles with high axle loads and high tire inflation pressure transmit high

magnitudes of dynamic forces to the pavement through tires. The high magnitudes of



dynamic tire forces are known to accelerate pavement fatigue and rut formation [13]. The
total annual cost of highway infrastructure maintenance by the federal and provincial
governments in Canada has been estimated at $8 billion. While part of this cost is due to
environmental factors, at least 40% of this cost has been directly attributed to the heavy
vehicle tire loads [3]. In recent years, OECD (Organization for Economic Cooperation
and Development) has reported that the cost of highway infrastructure maintenance in the
OECD countries can be considerably reduced through enhancement of road friendliness
of the vehicles by decreasing the magnitudes of dynamic wheel loads {17].

The vehicular vibration and the resulting dynamic wheel loads are influenced by
various design and operating parameters in a highly complex manner. Among the various
design and operating parameters, vehicle suspension properties, road roughness, and
speed are known to affect the road and driver friendliness of the vehicle in a very
significant manner, where the driver friendliness relates the ride quality environment of
the vehicle. The handling, directional control and stability, ride quality, and suspension
rattle space performance characteristics of the vehicle, however, pose conflicting design
requirements for suspension design. While soft suspension springs are highly desirable to
enhance the ride quality and wheel load performance, the realization of adequate
directional control and rattle space performance necessitates relatively hard suspension
springs. The suspension springs are thus selected to achieve a compromise among these
conflicting requirements, with relatively larger weighting placed on the rattle space and
directional control performance. Since both the dynamic wheel loads and the ride quality
are related to vehicular vibration modes, the suspension design with optimal multi-stage

asymmetric damping offers significant potential to enhance the DWL and ride quality



performance without affecting the rattle space and directional control requirements. A
dynamic vibration absorber tuned to the unsprung mass resonant frequency can be further
employed to reduce the dynamic wheel loads in the vicinity of wheel-hop frequencies.
This dissertation research is therefore directed towards the optimal design of asymmetric
suspension damping and axle vibration absorber to enhance road and driver friendliness

of the vehicle.

1.2 LITERATURE REVIEW

A review of previous investigations relevant to the study of dynamic wheel loads
such as, failure mechanism of the pavement tire loads and influencing factors, dynamic
vibration absorbers, suspension damping and vehicle models, is presented in the

following subsections.

1.2.1 Failure Mechanisms of the Pavement

From a structural point of view, modern road surfaces (or pavements) may be
classified as flexible, composite or rigid surface [4]. A flexible pavement consists of one
or more layers of asphalt supported by a granular sub grade. Composite pavements
consist of a flexible surface layer supported by a stiff Portland cement concrete (PCC)
base; and rigid road surfaces consist of a layer of PCC on a granular foundation. Rigid
pavements can be further classified according to their arrangement of steel reinforcement
and joints. The pavements are also classified by the volume of traffic by high,
intermediate or low type. High type pavement structures are used for principal roads and
truck route with heavy traffic. Such pavements comprise of strong surface layer of asphalt

or Portland cement concrete, of a thickness of 150 mm or more, built on one or more



layers of compacted granular material. Intermediate and low type pavements are used for
moderate traffic local routes and unsealed rural roads.

The main structural difference between rigid and flexible pavements is that the
rigid pavements have considerable higher bending stiffness than the flexible pavements,
and thus can be used on relatively weak matural soils [Baladi.G 1989]. Bituminous
materials are very sensitive to temperature: some mixes can rut easily at high
temperatures, and they become brittle at low temperatures [84, 85, 86]. Both flexible and
rigid pavements can crack at low temperatures because of thermal contraction, but rigid
pavements are usually reinforced or provided with joints that minimize this problem. It
has been reported that, the working life of rigid pavements can be increased significantly
by a modest increase in the concrete thickness, and such pavements in general are
designed for a service life of 40 years [83]. Conversely, the Flexible pavements are
considered to be more economical for a relatively shorter service life, and can be easily
overlaid to extend the service life [13]. It is also important to note that the curing period
of new concrete is approximately 28 days, while the asphalt surfaces can be trafficked
almost immediately after construction or maintenance. This can be an important
consideration in minimizing the traffic disruptions. The cost associated with local initial
construction and subsequent maintenance, local soil and drainage properties are known to
form the most important considerations in selecting the types of pavement.

Pavement damage refers to degradation of the structural integrity or surface
profile of a road. Since roads are designed for a finite service life and are expected to
deteriorate in time, it may alternatively be defined as wear. The primary modes of failure

described by Rauhut et al. [5] and Pell [6] are:



(i) Fatigue cracking for all types of pavements,

(ii) Rutting and reduced skid-resistance for flexible and composite pavements,

(iii) Reflection cracking for composite pavements,

(iv) Low temperate cracking for flexible and reinforced rigid pavements,

(v) Spalling for rigid pavements,

(vi) Faulting for jointed rigid pavements,

(vii) Punchouts and steel rupture for continuous reinforced rigid pavements.

Although a precise physical mechanism by which road surface cracking and
permanent deformation damage occur has not yet been reported, the studies have shown
that each failure mode is affected by many factors, such as the roadway design,
construction methods, the material properties of each constituent layer, the traffic loading
and the environmental conditions throughout the service life. While the fatigue damage of
the pavement has been related to the static loads of the individual axles, the rut damage of

the pavement has been related to the gross weight of the vehicles [7].

1.2.2 Tire Loads
Static Loads

The vehicle induced road damage has been investigated using the static tire loads
as a first approximation, while neglecting the dynamics of the vehicle. The most
important result of the AASHO (American Association of State Highway Officials) road
test was the ‘fourth power law’ which has had a profound influence on pavement design
and operating practice throughout the world ever since [13]. The results of the study
revealed that the decrease in ‘pavement serviceability’ [18] caused by a heavy vehicie

axle could be related to the fourth power of its static load [68]. A fourth power law was



thus proposed, which has been extensively used to express the loads due to different
vehicles into a number of Equivalent Standard Axle Loads (ESALs) [88]. The number of

ESALs N is attributed to static load P is given by:

N=(P/P)", (1.1)
where n = 4, and P, is generally taken to be 80 kN.

This equation provided enormous simplifications in pavement design and a simple
tool for evaluating the road damaging potential of vehicles. Many concerns, however,
have been raised on the validity of the ‘fourth power law’ since the current axle loads,
and axle group configurations, tire sizes and inflation pressures; road construction; and
traffic volumes are significantly different from the conditions of AASHO road tests [38,
89, 90]. More recent studies have reported that the damage exponent n in equation (1.1)
may take a wide range of values, ranging from 2 to 6 for flexible pavements [89, 91], and
8 to 33 for composite and rigid pavements [92, 93, 94].

Gillespie et al [7] performed an extensive theoretical study of vehicle-road
interaction and concluded, that the gross vehicle weight is the dominating factor in rutting
damage, whereas the individual static axle loads are responsible for the fatigue damage.
Most tandem and tri-axle truck suspension systems are designed to equalize the static
loads carried by the individual axles in a group. In practice, the effectiveness of load
equalization on moving vehicles varies significantly among different suspension design
[18]. Uneven static load sharing increases fatigue damage, since the power-law damage
relationships accentuate the effects of more heavily loaded axles [18]. Sweatman [20]

introduced the ‘Load Sharing Coefficient’ (LSC), defined as the ratio of mean measured



wheel load to nominal static load to study the influence of load sharing on the road
damage. The nominal static load was defined as the mean load acting on a single wheel in
the group. The LSC is theoretically 1.0 for perfect load sharing. For a tri-axle group with
leaf spring suspension, the lightest axle revealed loads, which were typically 60-70% of
the most heavily loaded axle. The study reported that air suspensions, with load variation
being in the vicinity of 10%, offer enhanced load equalization. Although tandem-axle
suspensions generally equalize better than the tri-axle suspension groups, the walking-
beam tandem suspension was observed to yield poor load sharing properties [19], which
was attributed to inappropriate installation practice and incorrect torque rod location. The
study further concluded that +5% variations in the LSC yield only insignificant fatigue
damage, wh1;1e the fatigue damage increases by 40-50% when LSC approaches 1.2,

depending on the axle spacing, and the type and strength of the pavement [7].

Dynamic Loads

Dynamic interactions between the tire and road surface cause considerable
fluctuations in the tire loads. Such fluctuations about the static load are referred to as the
dynamic wheel loads (DWL) or dynamic tire forces. For continuous flexible or rigid
pavements, the dynamic tire forces generated by the vehicles are generally observed to be
broad-band, and close to Gaussian distribution [32, 33]. A number of analytical and
experimental studies have been carried out to assess the dynamic tire forces, their road
damage potential, and to derive reliable pavement damage assessment tools. These
studies have established that the magnitude of the dynamic tire loads is directly
influenced by the vehicular vibration modes associated with the vertical and pitch motion

of the sprung and unsprung masses [17], vehicle and axle configurations, inertial and



geometric properties of the vehicle, speed, road roughness, and restoring and dissipative
properties of suspension and tire [54, 60, 70]. The DWL’s generated by heavy vehicles
predominate in two distinct frequency ranges:

e 1.5-4 Hz, corresponding to bounce, pitch and roll mode resonant frequencies of

the sprung masses, and
e 8-15 Hz, corresponding to bounce and roll mode frequencies of the unsprung
masses, and ‘load-sharing’ pitch modes of the suspensions.

The above frequency bands associated with sprung and unsprung mass resonances
corresponding to roughness irregularities with wave lengths ranging from 6.9 mto 18.5 m
and from 1.9 m to 3.5 m, respectively at a speed of 100 km/h. Various experimental and
theoretical studies have shown that the lower frequency sprung mass modes usually
dominate the dynamic tire forces on highways, except for vehicles equipped with axle
group suspension with poorly damped bogie pitch modes [16]. The natural frequencies of
heavy vehicles equipped with nonlinear suspension may depend upon the amplitude of
vibration and thus the roughness of the road surface. The leaf-spring suspensions with
considerable interleaf friction result in lower natural frequencies under high levels of
excitations. Low level excitations arising from smooth roads can result in lockup of
suspension with high interleaf friction. The vehicle thus exhibits lightly damped resonant
oscillations in the 3-4 Hz frequency range due to compliance of the tires. The walking
beam suspensions, due to their poor pitch mode damping, and air suspensions, due to
their reduced spring rate in rebound, yield high dynamic loads in the higher frequency

range (8-15 Hz) associated with the resonance of the unsprung masses [17].



The dynamic wheel loads of vehicles employing multiple-axle suspensions are
strongly influenced by the suspension design, and load sharing mechanism. Tandem air-
spring suspensions behave largely like two independent air suspensions due to slow
reaction time of the pneumatic load equalization system [13]. Although walking-beam
tandem suspension yield superior load equalization during bump encounters at high
speeds, their performance is deteriorated by high interleaf friction. While the walking
beam suspension provides good at static load equalization, it is prone to “tandem-hop”
vibration at high speeds, resulting in relatively high dynamic loads [13]. The influence of
axle spacing on the pavement wear depends on the degree to which the response under
one axle is affected by the response induced by a nearby axle. Rigid pavements distribute
loads over distances that are of the same order as the common axle spacing. The axle
spacing is thus a factor in determining rigid pavement fatigue. The influence of axle
spacing on the potential damage of flexible pavements, however, is insignificant since
the, stresses are more localized in the wear course of a flexible pavement. It has been
established that axle spacing has only insignificant influence on the rutting [36].

The response characteristics of the road materials and structures are sensitive to
vehicle speed, and thus to the roughness profile of the road interacting with the tires.
Recent studies have shown that spatial repeatable dynamic loads result in rapid wear of
spatially the most severely loaded locations of pavements [37, 38]. Higher speeds reduce
the time duration of the application of the wheel load on a given pavement location. The
decrease exposure time can reduce fatigue and rutting of the viscoelastic material in
flexible pavements [7]. As the speed increases, the peak strain under a constant moving

load diminishes in amplitude and occurs behind the point of application of the load [39,



40]. The dominant frequencies of dynamic tire forces, however, may vary significantly
with vehicle speed due to the phenomenon known as ‘wheel-base filtering’ [41, 42, 43,
44]. Although the excitations caused by the road surface roughness comprise various
frequency components, the geometric effects can result in reiative attenuation or
amplification of certain frequency components [42]. These geometric effects depend on
the spacing between axles and the vehicle speed.

The vibration of heavy trucks, transmitted through the tires to the pavement, is a
major cause of pavement damage. In the recent years, cross-ply tires have largely been
replaced by radial-ply tires, and average inflation pressures have increased from 550 kPa
to 690-760 kPa [21]. Furthermore, wide-base single tires with enhanced load capacities
are replacing the dual tires, particularly for the triaxle group suspensions. The engineering
community has expressed serious concern that such changes in tires and inflation pressure
may cause increased pavement damage, particularly the rutting [22]. The wide-base
single tires have the potential to do more damage to the pavement due to a relatively
smaller contact area. On the basis of asphalt strain measurements, Huhtala [24] reported
that wide-base single tires are likely to cause 3.5 to 7 times more damage than the dual
tires. Bonaquist [28] reported that wide single tires generate pavement strains
approximately twice as large as those of the dual tires under identical loads. They also
generate twice the rutting damage, and four times the fatigue damage. Furthermore, wide
single tires are likely to cause up to 10 times more damage than dual tires on relatively
thin asphalt pavements that fail by fatigue cracking. For thicker pavements, where

permanent deformation is the main mode of failure, wide single tires are likely to cause
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1.5 to 2 times more damage than dual tires. For rigid pavements, wide single tires are
likely to cause a relatively small increase in fatigue damage [29].

An increase in tire inflation pressure tends to increase the road damage
considerably. The tire-road contact conditions, such as the contact area and the pressure
distribution over the contact patch, affect the stresses and strains the surface of the
pavement, whereas the corresponding response of the lower layers depends mainly on the
overall load [21, 26, 27]. From the strain measurements performed on asphalt pavement
strain measurements, it was reported that a 40% increase in tire pressure can increase
fatigue damage by 26%.

The magnitudes of the dynamic tire forces strongly depend on the road surface
roughness and speed of the vehicle as well as on the suspension and tire properties,
vehicle configuration, geometry and mass distribution of the vehicle. The road-damaging
effects of dynamic tire forces has been primarily estimated using two methods. The first
approach is based upon the assumption that the loading at each point along the road is
essentially random and the localized zones incur statistically similar forces leading to
uniformly distributed damage along the road. The studies based upon this assumption
have estimated that the dynamic loads increase the road damage by approximately by 20-
30% [10, 11]. The second approach assess the road damage through spatial repeatability
of the tire forces on the basis that the peak forces applied by the heavy vehicle fleet are
concentrated at specific locations along the road [12]. The heavily loaded locations along

the road may thus be expected to incur up to four times more damage than that due to

static loads [13].
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A parameter often used to characterize the magnitude of dynamic tire forces is the
dynamic load coefficient (DLC), defined as the ratio of root mean square (rms) tire force
to the mean tire force [15]. Here the rms tire force is estimated from the standard
deviation of the random tire force, while the mean value of the dynamic tire force is
referred to as the static tire load. Under normal operating conditions, heavy vehicles
typically yield DLC ranging from 0.05 to 0.3. Many studies have reported that the DLC
increases with the increasing road roughness, speed, tire inflation pressure and suspension
stiffness [70], while the influence of roll mass moment of inertia of sprung and unsprung
masses, roll centre height, auxiliary roll stiffness, lateral suspension spread, track width,
and cornering and longitudinal stiffness of tires on the DLC is found to be relatively
insignificant [71].

From the truck manufacture’s view point, suspensions and tires are identified as
the most important elements in the design process, when pavement life is to be taken into
account [65]. Many experimental studies have established that the properties of heavy
vehicle suspensions strongly affect the magnitude of the dynamic loads transmitted to the
road surfaces [66]. A reliable methodology to assess the pavement failure, however, does
not yet exist due to the complex dynamics associated with the wheel-road interactions
and the pavement structure. Although considerable efforts have been made to derive
effective assessment tools, the agreement between theory and experiment is often
unsatisfactory [67]. Concerns on the validity of the fourth power law, variations in the
vehicle configurations, and climatic effects are some of the complicating factors that can
result in underestimating pavement fatigue by a factor of 100 [67-69]. The damage

caused by dynamic wheel loads is thus considered to be an area of high uncertainty [70].
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It has thus been proposed, that various vehicle configurations should be classified based
on the magnitudes of tire forces, represented by the dynamic load coefficients in order to

assess their road damage potentials.

1.2.3 Suspension Damping

Dynamic wheel loads are known to be responsible for a significant component of
the road damage. Since implementation of softer spring suspensions may be considered
impractical, due to constraints posed by rattle space, handling and control requirements,
effective suspension damping is vital for the reduction of the dynamic tire loads. The
suspension dampers, in general, exhibit high damping at low relative velocities due to
bleed flows, and low damping at higher velocities due to flow through blow-off valves.
Since both the vehicle ride quality and dynamic tire loads are related to vehicular
vibration modes, the suspension damping is expected to affect both in a very similar
manner. Thus the suspension design considered adequate for improving the ride quality
may lead to enhanced road friendliness of the vehicle [60]. The service life of damper and
their ability to dissipate energy over various road roughness conditions is important to the
overall acceptability of “road friendliness” of heavy truck suspensions.

Many studies have established important influence of vehicle weight and axle
configurations; inertial and geometric properties of the vehicle, speed; road roughness,
and restoring properties of suspension on the dynamic tire load variations [49,50]. The
effect of dissipative properties of suspensions and tire on the dynamic wheel loads has
been analyzed in a limited number of studies [51, 52]. Extensive studies on ride dynamics
of road vehicles, however, have concluded that suspension damping affects the vehicle

vibration behavior in a significant manner [53, 54]. A relationship between the dynamic
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wheel loads and ride dynamics can be demonstrated through examination of measured
dynamic wheel loads and the ride vibration data, reported in the literature. Studies
performed by Sweatman [55] have concluded that a walking-beam tandem suspension
yields the highest DLC, which may be attributed to very light pitch-mode damping of this
suspension. Similar conclusions have been established in a study on the vehicle ride
quality [56]. The poor performance dynamic wheel load of leaf spring suspensions, in
terms of high dynamic loads, has been primarily attributed to their high vertical spring
stiffness and dry friction (Coulomb damping) [57, 58]. The adverse influence of high
magnitude of dry friction on the DLC has also been supported by studies on ride quality
[56, 61]. Studies performed with softer and low friction leaf spring suspension in
conjunction with a hydraulic damper, revealed considerable reduction in dynamic tire
forces [59]. The study reported a 31% reduction in the rms values of the dynamic tire
loads and 13% lower the road damage.

The influence of linear symmetric and asymmetric suspension damping on the
dynamic wheel loads and sprung mass rms acceleration response was recently
investigated through the analysis of a quarter-truck model [60]. The study concluded that
an increase in damping from low to moderate levels can reduce the DLC. A further
increase in the damping, however, did not result in a significant reduction in DLC. The
study also reported that air suspensions with light linear damping of 10% yield significant
improvement in the road friendliness of the vehicle with slight deterioration in the ride
quality. It was also reported that asymmetric damping with ratio of rebound to
compression damping near 5 offers considerable reduction in the DLC without

deteriorating the ride quality. Heath and Good [72] reported normalized leading drive
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axle load standard deviation, a measure of the DLC, equipped with undamped, lightly
damped and strongly damped drive axle suspension. While the quantitative values of
damping coefficients are not reported, the study concluded that the DLC can be
considerably reduced by implementing auxiliary dampers. Hedrick [50] investigated the
dynamic road stress factors due to articulated freight vehicles, buses and trucks. The
study concluded that a soft and damped bus suspension yields a considerably lower
dynamic road stress factor than that caused by a truck with stiff and lightly damped
suspension. Pavement rutting has been related to the number and magnitude of load
repetitions transmitted to the pavement. The implementation of adequate damping within
the suspension may contribute to reduction in pavement rutting by decreasing the
magnitudes of repetitive loads. Recognizing the potential benefits of soft and adequately
damped suspension designs, as demonstrated in a few reported studies, the Council of
European Communities has elaborated a directive describing the desired characteristics of
road friendly suspension and the test procedures. The directive 92/7/EEC [62] is a
suspension protocol that applies to all driven axles and defines road-friendliness with the
following component and performance requirements:
e The axle must have dual tires.

o The suspension must use hydraulic dampers and the sprung mass natural
frequency of the vehicle must not exceed 2 Hz;

e Damping ratio of the sprung mass must be more than 20% of the critical
damping (with dampers fitted);

e The sprung mass must have a damping ratio no more than 50% of the above
damping ratio when all dampers are removed.

The EEC test procedures involve the identification of a single resonant frequency

and damping ratio, associated with the vertical vibration mode of the sprung mass, from
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the measured suspension deflection of the tractor drive axle. Following test methods are

recommended.

e Traverse a specified 80 mm step at 5 km/h and analyze the suspension
frequency and damping from the transient response time history occurring after
the ramp.

e Pull down the vehicle chassis such that the drive axle load approaches 1.5
times its maximum static load and release the vehicle, and analyze the
subsequent oscillations to determine the natural frequency and damping ratio.

e Pull up the chassis to lift the sprung mass by 80 mm above the drive axle and
release, and analyze the subsequent oscillations.

It is recommended to derive the resonant frequency from the oscillation period of
the first two compression peaks, while the damping ratio may be calculated from the ratio
of amplitudes of the same two peaks. The EC proposal, however, does not specify how
the payload mass should be applied to the tractor. The EC pull down test is also
questionable, since high damping may be measured when the first test event is associated
with suspension rebound. The results derived from recent drop experiments also
confirmed that dampers play a crucial role in the road-friendly performance of the
suspensions [63]. Only one air suspension was found to meet the EC directive on the
suspension performance. It was also concluded that frequency was a strong indicator of

road-friendliness, and the sprung natural frequency ranging from 1.5 to 2 Hz with

damping ratio of at least 10% were considered appropriate.

1.2.4 Dynamic Vibration Absorbers

The dynamic wheel forces generated by the heavy vehicles predominate in two
distinct frequency ranges: (i) 1.5-4 Hz corresponding to bounce, pitch and roll resonant

frequencies of the sprung masses; and (ii) 8-15 Hz corresponding to the bounce and roll
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resonant frequencies of the unsprung masses, and the suspension pitch modes associated
with load-sharing. Most vehicle suspensions yield significant dynamic loads in the low
frequency range, which is associated with resonances of the sprung masses. The walking-
beam suspensions, due to their poor pitch mode damping, and air suspensions, due to
their reduced spring rate in rebound, yield high dynamic loads in the higher frequency
range (8-15 Hz), which is associated with the resonances of the unsprung masses [78].
Reduction of dynamic wheel loads or enhancement of road friendliness of heavy vehicles
necessitates control of resonant wheel forces near the sprung and unsprung mass resonant
frequencies. Tuned dynamic vibration absorbers have been extensively used to suppress
the resonant oscillations of machines and structures [59, 80]. An absorber attached to the
axle and tuned to the wheel-hop frequency, may lead to considerable reduction in
dynamic tire loads near the usnprung mass resonant frequencies. An absorber tuned to
the sprung mass resonant frequency, however, is considered to be impractical due to
requirement of large absorber mass. Further more, a dynamic vibration absorber does not
affect the vehicle ride quality in the frequency range of 3-8 Hz, where the human body is

most sensitive to whole-body vibrations [54, 56].

1.2.5 Analytical Vehicle Models

The study of pavement vehicle interaction and ride quality of the heavy vehicle
involves the development of a representative dynamic model that closely describes the
vehicle behavior. Many vehicle models ranging from linear quarter vehicle models with
two degrees-of-freedom (DOF) to complex three-dimensional models with as many as 19
DOF have been reported in the literature. While the majority of the models consider the

sprung and unsprung masses as rigid bodies, few models have incorporated the flexibility
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of the trailer structure to study the contributions due to frame bending modes [46, 47, 48].
Simple one and two DOF of linear vehicle models have been used by several
investigators to study the dynamic interaction of the heavy vehicle with the pavement
[60, 61, 64]. Such models permit the analysis of different suspension concepts under
uncoupled vertical motions in a highly convenient manner. These models, however,
cannot be used to analyze the total dynamic interactions of the heavy vehicles with the
roads, which comprise various vibration modes associated with vertical, roll and pitch
motions of axles and sprung masses, nonlinarties due to friction, and influence of coupled
suspensions systems.

Many analytical and experimental studies on pavement damage and dynamic
wheel loads are reported in the literature. The primary objective of these studies include
the analysis of the influence of various design and operating parameters of the vehicle on
the dynamic wheel loads and thus on the pavement damage. Since the simple one-
dimensional vehicle models cannot be used to predict the complex dynamics associated
with heavy vehicles, a number of comprehensive two and three-dimensional vehicle
models have been developed to study the tire forces and the ride quality of the vehicle.
Analytical models with limited number of DOF, but realistic enough to provide
reasonable accurate estimate of the tire force characteristics and ride quality are desirable
for design and optimization studies [73, 74]. The majority of the studies, related to
dynamic pavement vehicle interactions and ride quality, have concluded that the
contributions of the roll-plane dynamics of highway vehicles are relatively insignificant

[75]. Many research studies have demonstrated that a four DOF in plane model of a
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single unit can be effectively used to determine vehicle behavior pertaining to dynamic
tire loads and ride quality [55, 61].

Bending vibration of the frame, that are known to exhibit bending modes in the 6
to 9 Hz frequency range, have been included in some of the reported models of heavy
vehicles in order to study the contribution due to frame bending [46]. The motion
imposed on the axles by frame bending is relatively small when compared to the motion
induced by the resonances of the sprung and unsprung masses. Thus, the majority of the
studies have concluded that the contributions of the frame bending modes to the overall
dynamic behavior are insignificant [46, 47, 48]. These studies have established that the
development of an analytical vehicle model for the analysis of dynamic tire forces and
ride quality primarily involves the characterization of the suspension and tires. Vehicle
suspension systems often exhibit nonlinearites associated with Coulomb friction of leaf
spring and progressive hardening nature of the air springs, and variable force-velocity
properties of the dampers due to bleed and blow-off hydraulic flows. Majority of the
analytical investigations, however, were based on the assumption of linear suspension
damping, while the influence of nonlinear and asymmetric suspension damping, on the
dynamic behavior of the vehicle has been addressed only in few studies [95].

The tire-terrain interactions have been characterized by different types of linear
and nonlinear tire models. The tire models, reported in the literature, can be grouped in
four categories based upon the characterization of the tire-road contact: point contact;
rigid tread band; fixed foot print; and adaptive foot print models [81, 82]. In view of the
high inflation pressure used in the commercial vehicle tires, a point-contact model is

often considered appropriate for analysis of the dynamic tire forces. Majority of the
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analytical studies have thus employed either linear or nonlinear tire models based upon

the point contact.

1.3 SCOPE OF THE THESIS

The overall objective of this dissertation research is to contribute towards
enhancement of road friendliness and driver friendliness of freight vehicles. The specific
objective of the dissertation research is to analyze the effectiveness of suspension
damping and dynamic vibration absorbers in reducing the dynamic wheel loads
transmitted to the pavement. An analogy between the dynamic wheel loads and ride
quality performance characteristics of heavy vehicles is established in order to illustrate
the potential benefit of optimal damping in conjunction with different suspension springs

used in heavy vehicles. The detailed objectives of this study are:

1. To establish an analogy between the dynamic wheel loads and ride quality

performance characteristics of heavy vehicle through analysis of an in-plane vehicle

model.

2. To analyze the effectiveness of a dynamic axle vibration absorber and study the
influence of its tuning parameters on the dynamic wheel loads under excitations

arising from interaction with the roads of different roughness.

3. To determine the optimal tuning parameters of the dynamic vibration absorbers,

while limiting the absorber mass to minimal.

4. To formulate a performance criterion comprising dynamic load coefficient due to tires

on different axles and overall rms acceleration transmitted to the driver station.
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5. To study the influence of nonlinear and asymmetric suspension damping on the
performance criterion for freight vehicles employing linear, leaf and air suspension
springs to perform multi-parameter optimization to identify optimal force-velocity
characteristics of the suspension dampers in conjunction with typical linear, leaf and

air suspension springs.

6. To evaluate the role of combined optimal dynamic vibration absorber and suspension
damping on the road-and driver-friendliness of the vehicle under varying operating

condition.

1.4 LAYOUT OF THE THESIS

In Chapter 2, an in-plane model of a three axle truck is formulated with an
objective to assess interactions with the road in terms of vertical tire loads transmitted to
the road, and vertical acceleration transmitted to the driver station. Nonlinear leaf and air
suspension springs are analytically modeled and validated against the available
experimental data. The suspension damping is characterized by multi-stage and
asymmetric force velocity characteristics identified from the laboratory tests conducted at
CONCAVE.

In Chapter 3, the enhancement of road friendliness of heavy vehicles is analytical
investigated using a concept of dynamic vibration absorber, tuned to the resonant
frequencies of the unsprung masses of the vehicle model. A parametric study is
performed to analyze the influence of frequency ratio, damping ratio and mass ratio of the
absorber on the tire loads and the acceleration response for deterministic and stochastic
excitations at the tire-road interface. Optimal absorber parameters were determined using
a weighted multi parameter objective function for a wide range of vehicle speeds and

road roughness.
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In Chapter 4, An analogy between the dynamic wheel loads and ride quality
performance characteristics of heavy vehicles is established through analysis of linear
quarter-vehicle model in order to illustrate the potential benefits of optimal damping. A
performance criterion comprising dynamic load coefficient due to tires on different axles
and overall s acceleration transmitted to the driver station is formulated. A multi-
parameter optimization problem is formulated and solved to identify optimal force-
velocity characteristics of the suspension dampers in conjunction with linear, leaf and air
suspension springs. The effect of optimal suspension damping on the DLC and the ride
quality are illustrated through analysis of a straight truck model with linear and non linear
suspension stiffness. The influence of optimal suspension damping and optimal axle
absorber on the dynamic loads and ride is further investigated for the linear, leaf-leaf and
leaf-air suspensions of a truck under varying operating condition.

Finally, major contributions of the study are outlined together with the major

conclusions in Chapter 5.
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CHAPTER 2

DEVELOPMENT OF VEHICLE MODELS

2.1 INTRODUCTION

The dynamic wheel loads of heavy vehicles transmitted to the pavements are
strongly related to tire-road interactions, road roughness, vehicle weights and dimensions,
axle loads and configurations, suspension and tire compliance, and operating speed. A
study of dynamic wheel loads primarily arising from the vehicle-pavement interactions
necessitates the development of a dynamic vehicle model that closely describes the
vehicle and components behavior. Since the dynamic wheel loads and the ride quality are
related to vehicle vibration modes, tﬁe vehicle model considered to study the tire-road
interactions can also be used to study the ride dynamics of the vehicle. Various studies
performed on heavy vehicles have established significant influence of suspension and tire
properties on both the dynamic wheel loads and ride quality performance [18]. Although
vehicle suspensions exhibit strongly nonlinear force-deflection and asymmetric force-
velocity characteristics, majority of these studies considers only linear viscous suspension
damping. Other studies have established insignificant contributions due to roll dynamics
of the vehicle [13]. An in-plane vehicle model describing the vehicle-road interactions
associated with vertical and pitch modes of vibration is thus considered appropriate to

study the driver-and road-friendliness of the vehicle. It is, however, vital to identify and
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incorporate the important nonlinear properties of the suspension and tires, to enhance the

effectiveness of the model.

2.2 ANALYTICAL MODEL OF A THREE-AXLE TRUCK

An in-plane model of a three axle truck is formulated to study its interactions with
the road in terms of vertical tire loads transmitted to the road, and vertical acceleration
transmitted to the driver station, assuming negligible contributions due to roll dynamics
of the vehicle. Two closely spaced rear axles are grouped together and represented by a
single composite axle, as shown in Figure 2.1. The vehicle body, chassis and cargo are
characterized by a rigid sprung mass mg with two-degrees-of-freedom (DOF): vertical
and pitch. The front and composite rear wheel and axle assemblies are represented by
rigid masses, referred to as unsprung masses, with only vertical DOF. Each unsprung
mass is coupled to the sprung mass through the respective suspension components,
modeled as parallel combinations of energy restoring and dissipative elements. The front
and rear axle tires are modeled as damped elastic elements, assuming point contact with
the road. The contributions of the frame bending modes to the vibration behavior of the
vehicle are considered to be insignificant due to relatively small deflections of the frame,
and location of the suspensions near the nodes. The equations of motion of the four-DOF
in-plane vehicle model shown in Figure 2.1, can be expressed as:

mgZ, +F(z,,2,,0)+Fy (2,,2,,0)+mgg =0,
10+2,.F (2,,25,0) - £, F:(2,,2,,0) =0,
mez, —F;(z,,2,,0) + Fp(z,,2:) + meg =0,

mgZz, — Fr(z,,2,,0) + Fr(2,,205) + mgg=0. 2.1)
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Figure 2.1 In plane model representation of a straight truck.
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Where Fg; and Fg; are suspension forces developed by the front and rear suspension
respectively. The suspension forces depend upon the type of suspension employed in the
vehicle. Heavy vehicles employ leaf spring or air suspension. While the suspension forces
due to such suspensions are presented in the later section, the suspension forces due to

linear springs may be expressed as:

F5(2,,2,,0) =K (2, - €;0~-2, -85 )+ Fp

Fr(2,,2,,0) =Ky (z, + 030 -2z, — 8z ) + Fpr (2.2)

where K¢ and Kg; are the linear or equivalent linear spring rates due to front and rear
suspension, and Fj; and Fp; are the respective damping forces. The damping forces, in
general, are non-linear and asymmetric functions of the velocity, which are derived in the

later section. J; is the static deflection of the suspension i (i=F, R). The tire is modeled

as a parallel combination of a nonlinear asymmetric spring and a linear damper, assuming

point contact with the road. F; and F;; are the forces developed by the front and

composite rear axle tires.

Fie(Z23,20p) = K5 (2, =2gp =03 ) +Crp(2, — 24 )5 for (z, —zo —015)<0;
Fip(25,20r) =K1p (23 —Zop =81r) + Crp (23 ~2or);  fOr (23 —2or —8x)<0;
Fip(z,,Z0¢) =03 for(z, —zo —04) 20,

Fr (23,208 ) = 0; for (z, —Zog —81s) 2 0. 23)
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where K; and C;; (i=F,R) are the vertical spring rate and viscous damping coefficient of
the tire i respectively and &r; is its static deflection. zy and z; are the displacement
excitations encountered at the front and rear tire load interface, respectively. mg, mg and
m; are the masses due to sprung weight of the vehicle, and front and rear axles. I is the
pitch mass moment of inertia of the sprung weight about its centroid. Equations (2.1) to
(2.3) describe the vertical and pitch dynamics of the three-axle truck, where the sprung

mass acceleration Z, relative to the ride quality, and the tire forces F; and F describe

the dynamic tire forces transmitted to the pavements.

2.2.1 Dynamic Axle Vibration Absorber

The dynamic tire forces transmitted to the road are frequently evaluated in terms
of the Dynamic Load Coefficient (DLC), defined as the standard deviation of the
dynamic wheel force normalized by its mean force [5]. The DLC is used to determine the
relative pavement loads and road-friendliness characteristics of the vehicles. Many
studies have reported that the DLC increases with the increasing road roughness, speed,
tire inflation pressure and suspension stiffness [6, 7].

The dynamic wheel forces generated by the heavy vehicles predominate in the

two distinct frequency ranges:

e 1.3-4.0 Hz corresponding to bounce, pitch and roll resonant frequencies of the sprung
masses.

e 8-15 Hz corresponding to the bounce and roll resonant frequencies of the unsprung
masses, and the suspension pitch modes associated with load sharing.

Most vehicle suspensions yield significant dynamic loads in the low frequency

range, associated with resonance of the sprung masses. The walking-beam suspensions,
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due to their poor pitch mode damping, and air suspension, due to their reduced spring rate
in rebound, yield high dynamic loads in the higher frequency range (9-15 Hz) associated
with the resonances of the unsprung masses [8]. Reduction of dynamic wheel loads or
enhancement of road-friendliness of heavy vehicles thus necessitates control of resonant
wheel forces near the sprung and unsprung mass resonant frequencies. Dynamic vibration
absorber tuned to the unsprung mass resonant frequency can be employed to reduce the
dynamic wheel loads in the vicinity of wheel-hop frequencies. Tuned dynamic vibration
absorbers have been extensively used to suppress the resonant oscillations of machines
and structures [9, 10]. The primary design constraints associated with the implementation

of a dynamic vibration absorber are:

e The absorber mass should be minimal such that payload capacity of the vehicle is not
significantly affected.

e The absorber deflection relative to the primary structure, to which it is attached,
should be small.

An absorber tuned to the sprung mass resonant frequency may be considered
impractical due to requirement of large absorber mass, the absorber attached to the axle
and tuned to the wheel-hop frequency, can lead to considerable reduction in dynamic tire
loads near the unspurng mass resonant frequencies. Furthermore, an effective axle
vibration absorber can be realized with relatively small mass. In this study, the concept of
dynamic vibration absorber is explained to reduce the contribution of axle vibrations to
the DLC. The axle absorber, constrained to move along the vertical coordinates, may be
conveniently attached to the axles, as illustrated in the roll-plane schematic in Figure 2.2.

The front and rear axle absorbers in the pitch-plane vehicle model are represented by
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absorber masses attached to the front and rear axles through a damper and a spring, as

shown in Figure 2.3.

Equations of Motion

The differential equations, describing the vertical and pitch dynamic motions of
the vehicle model comprising the axle vibration absorbers are derived, assuming small
motions. The coupled differential equations of motion arising from the vehicle-road

interactions are expressed as:

mgZ, +Fi(z,,2,,0) + F (2,,2,,0) + mgg =0,

10 + £.Fp (2,,25,0) — £,F(2,,2,,0) = 0,

m.Z, — F(2,,2,,0) + Fp(2,,20;) +m g+ mAF[(DzAFX4 + ZQAFOJAFX4]= 0,

mgZ, — Fr (2,,2;,0) + Frg (Z,,Z0g ) + MR g +mAR[C02ARX5 +2gAF03AF)'(5]= 0,

m,.7, - [m 2AFX, + 26,0 AF)’(4] +myg=0,

MarZs = [©7aR +2G,00 pp X5 |+ Mpeg = 0. (2.4)
Where m,; and m,; are the masses due to the dynamic vibration absorbers attached to the
front and rear axles, respectively. o, and o, are the uncoupled natural frequencies of

the front and rear axle absorbers, and ¢, and ¢, are the respective uncoupled damping

ratios, expressed as:

Cai

= ; i=F,R, 2.5)
2m 5,0 ;

Wy = » Gai
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Figure 2.3 In-Plane model representation of a straight truck with dynamic Axle
‘ vibration Absorbers.

Figure 2.2 Schematic of damped vibration absorber attached to an axle.
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where K,; and C,; (i= F, R) are the linear stiffness and damping coefficient due to the

front and rear axle absorbers. x, and x; are the relative deflection of front and rear axle
absorber masses with respect to the axle masses they are attached.

The tire is a visco-elastic element that supports the unsprung mass on the road
surface. Tire is modeled as parallel combination of a nonlinear asymmetric spring and a
linear damper assuming point contact with the road. Since the ground can not pull back

the tire, tire forces are set to zero, in case of wheel hop.

2.3 ANALYTICAL MODELING OF NON LINEAR SUSPENSIONS
Heavy vehicle suspensions frequently employ leaf and air springs, which exhibit
strongly nonlinear force-deflection characteristics. The force-deflection properties of the
springs are thus characterized and incorporated into the vehicle model to develop
effective models. Leaf spring suspensions exhibit strongly hysteretic behaviour due to
high magnitudes of inter-leaf friction. The restoring force developed by an air spring is
directly related to the instantaneous pressure, volume and the effective cross-sectional

area of the air bag, which are highly nonlinear functions of the suspension deflection.

2.3.1 Leaf spring suspension

Leaf spring suspensions employed in trucks are complex force-generating
mechanisms, which may exhibit varying levels of effective spring rate and hysteresis,
depending upon the loading of the spring and the amplitude of the oscillation. Fancher
[58] proposed a semi-empirical model to characterize the force deflection properties of a

hysteretic leaf spring suspension, that may be applied over a wide range of loads and
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deflection amplitudes. The proposed model is based upon the equivalent stiffness and a
hysteretic force expressed as a function of the deflection and the velocity. Figure 2.4
illustrates the measured force-deflection properties of a typical leaf spring employed in
front suspension. The suspension force, F; as a function of the relative deflection x, may

be expressed as:

_[Xi=Xi

Fi=Fgi+ (Fi.,-Fgi) e P (2.6)
where F; is the suspension force developed due to deflection x; at instant t, and F,, is the
suspension force corresponding to deflection x;, at previous instant t, ;.

Fp,.; represents the limiting values of forces corresponding to the upper and lower
curves of the measured characteristics corresponding to deflection x;. B is an input
parameter used to describe the rate at which the suspension force within a hystersis loop
approaches the envelope, Fg,,. The envelope force curves and the  values, derived using
curve-fitting techniques, for the front and multi-leaf suspension considered in this study,
are expressed as:

Fg,,= 227.6535 x+1.3344 kN; p=0.0019304 m, for(x; -x;,)>0,

Fe,= (192.62992) x-0.4488 kN; f=0.002032m, for(x;- x;, )<O. 2.7)

The force-deflection properties of front multi-leaf suspension, derived from
Equations (2.6) and (2.7) under harmonic deflection, are illustrated in Figure 2.4. The
results show that the hystersis tends to increase with the magnitude of suspension
deflection and the suspension load. Relatively small amplitude deflection of the

suspension yields high stiffness and low effective damping. The validity of the semi-
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Figure 2.4 Force-deflection characteristics of front leaf spring suspension
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empirical model is further examined by comparing the estimated force-deflection
characteristics with the measured data reported in [58]. Figure 2.5 illustrates the
comparison under 0.01m amplitude harmonic deflection and 26.688 KN static load. The
results clearly reveal that the semi-empirical model can provide reasonably accurate
description of the force-deflection characteristics of the front leaf-spring suspension, with
only small errors near the extremities.

The force-deflection properties of multi-leaf rear suspension considered in this
study are also derived using the measured data reported in [58]. The envelope forces and

B values are expressed as:

Fg,, =0.310+(279.359)x +(3058.530) x 2 kN; B=9.494 €*-(0.0062)x m, for (x;-x,, ) >0

F,,=0.093 + (186.336) x + (3463.608) x> kN; B =5.08 ¢* m; for (x;-X,; ) <0  (2.8)

The force-deflection characteristics of the multi-leaf rear suspension, derived from
equations (2.6) and (2.8) as a function of the static load and deflection are illustrated in
Figure 2.6. The effectiveness of the semi-empirical formulation is further illustrated by
comparing the estimated force-deflection behaviour with the measured data [S8] under
0.005 m harmonic deflection, as shown in Figure 2.7. The static load dynamic deflection,
used in the simulation of front and rear suspension models is summarized in Table 2.1.
The results are further analyzed to estimate the equivalent linear spring rates and the

average coulomb damping forces due to both suspension, which are also summarized in

Table 2.1.

35



60000

50000

40000

30000

Force (N)

20000

10000

0 0.02 0.04 0.06 0.08
Deflection (m)

Figure 2.6 Force-deflection characteristics of the rear leaf spring
suspension.



Z /
e’
0
v cl
3 & o
[
E -q. -0.2 -0.1
<
500
: // 1000
1566
Displacement 0.0254 (m)
Figure 2.7 Comparison of estimated and measured force-deflection characteristics of

the rear leaf spring suspension.

37



Table 2.1 Summary of the simulation and test conditions employed for the front and
rear leaf suspensions.

Front Leaf Spring Rear Leaf spring |
Nominal Load 26688.0 N 26688.0 N
Static deflection 0.1222 m 0.06102 m
Amplitude of deflection 0.01016 0.00508 m
Effective mean stiffness 218360.33 N/m 437795.27 N/m
Average Coulomb 22240 N 2001.6 N
Damping (c,)

Equations of Motion

The equations of motion of the four-DOF vehicle model equipped with front and
rear multi-leaf suspension are identical to those expressed in equation (2.1). The
suspension forces, Fg: and Fg, comprise the forces due to multi-leaf springs, given in
Equations (2.6) and (2.8). The leaf spring suspension, however, may or may not employ
external dampers. The damping forces, Fy; and Fy; are considered negligible when

external dampers are not used.

2.3.2 Air spring suspensions

Air springs are widely used in heavy vehicle suspension and they are unique in
that the loads are supported by pressure in the air bags. The pneumatic spring has been
able to supplement, and in many cases replace, more conventional steel suspensions by
virtue of unique characteristics:

(i) Variable spring rate over a wide load range,

(ii) Nearly frictionless action,

(iii) Outstanding noise and vibration isolation,
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(iv) Wide range of load-carrying ability constant leveling, or leveling on demand,
(v) Simplicity of height control,

(vi) Engineered control of spring rate,

(vii) Low maintenance operation,

(viii) Durability.

A typical air suspension comprises a flexible air bag mounted between the chassis and a
trailing arm link, as shown in Figure 2.8. The restoring force is developed by the air
medium, which is a complex function of the air pressure, effective piston area, air
volume, and the deflection. The piston area varies considerably with the deflection due to
flexibility of the bag, which together with the pressure-volume relationship, contributes to
the non-linear restoring properties of an air spring. The force-deflection properties of the
air spring are characterized in the laboratory as a function of the charge pressure [95].
Figure 2.9 illustrates the measured pressure-deflection properties of the spring for
different charge pressures (689 Kpa, 551 Kpa, 413 Kpa), over the spring travel ranging
from -7.5 cm to 12.5 cm. The measured characteristics clearly reveal nonlinear
progressively hardening characteristics, which are attributed to the pressure-volume
relationship of the gas and the variation in the effective piston area. The results also
exhibit small hystersis attributed to the hysteretic properties of the flexible air bag and the
rubber piston.

An analytical model of the air spring is derived to determine its pressure-

deflection characteristics, assuming negligible hystersis and constant temperature
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Figure 2.8 Schematic of a trailing-arm air suspension.
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compression and expansion of the air. The instantaneous air pressure as a function of the

deflection can be expressed as:

_[__rv,
oo = | —As(x)xa»] | =2

where P(x, t) is the instantaneous air pressure as a function of deflection x. P, and V, are
the charge pressure and volume, respectively. A is the effective piston area. The spring

force developed by the air bag, F,, is given by:
Far =[P, -P, JA; (%) (2.10)

where P, is the atmospheric pressure. The effective area, Ag, is known to be strongly
dependent upon the spring deflection and considerably less dependent upon the air
pressure. The effective area is further dependent upon the geometry of the piston. In this
dissertation, the volume-deflection data supplied by the manufacturer [95] is studied to
derive the effective area as a function of the deflection. A regression analysis is then
performed to derive a polynomial function relating the effective area to the corresponding

deflection in the following manner:
A (x)=a,+x(a,)-x*(a,)+x%a, m? (2.11)

For the air bag considered in this study, the coefficients a, to a, are obtained as:

a,= 0.0450; a,= 0.000748; a,=0.0003; a,= 0.0000437. The effective area estimated form
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Equation (2.11) is compared with the data reported by the manufacturer, as shown
in Figure 2.10. While the results show good correlation between the estimated and
reported data, a strong dependence on the deflection is observed. The effective area tends
to remain nearly constant for small deflection in the vicinity of the static equilibrium, and
increases rapidly under high magnitude compressive deflection. The effective area also
decreases rapidly during the rebound stroke. Such variations in the effective area yield
increasingly hardening and softening forces during compression and rebound,
respectively. Equations (2.9) and (2.10) are solved for a charge pressure P,= 689 Kpa,
and charge volume, V, = 0.02 m’. The resulting force-deflection characteristics are
compared with those derived from the laboratory tests, as shown in Figure 2.11. The
restoring force derived from the analytical model tends to be lower than the measured
force, when deflection amplitude exceeds 7 cm. The measured force, however, is smaller
than the estimated force during rebound stroke. The discrepancy between the measured
and analytical response is attributed to the assumption of the isothermal process. It has
been reported that the use of polytropic process with polytropic exponent, ranging 1.1 to
1.4, can provide better estimation of the air spring force [100]. The analytical model used
in this study, however, yields peak error below 5%, and thus considered to provide

reasonably accurate estimate of the spring force.

Equation of motion

Analytical model of the vehicle employing rear axle air suspension, and either leaf
or linear suspension within the front-axle, is illustrated in Figure 2.12. The air suspension

is represented by an air spring and an inclined damper mounted between the sprung mass
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Figure 2.12 In plane model of truck of rear air suspension with the linkage.
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and the trailing arm link. The degrees-of-freedom for the model are selected as: vertical
(z)) and pitch (8) motion of the spring mass mg , vertical motion (z,) of the front axle
unsprung mass mg, and pitch motion (¢) of the trailing arm. The equations of motion of
the four-DOF vehicle model, incorporating the trailing arm suspensions, are

derivedassuming small oscillation, and expressed as:

mgZ, +mg (%, +£0+ £, cosad) +Fy +mpg+F, +mgg =0,

16+¢,mg (2 +£,0+0;cosap)—£,Fy +(bs —£y)Fag + £, (Frg +mgg)+F, =0,
meZ, +F —F; +mgg=0,

1,6+ £, cosomg (Z, +£,0 + £, cosadp) + £ cosou(Frg + myg)—LcosaFg +F, =0,

(2.12)

where Fg; is the force due to front suspension, is derived from Equation 2.2 for linear
spring, and Equation (2.6) for the leaf spring. F, is the restoring force developed by the

air spring, which is derived from equation (2.10), as a function of the relative deflection,

d,, given by:

8, =[(4s—£,)0—Lcoso— 8 | - (2.13)

The force due to air spring is thus expressed as:

Fas [(vo— FWERIIR PA}AE(SA) 214)

Iy is the pitch mass moment of inertia of the trailing link, and « is its inclination with

respect to the horizontal axis. £, ¢, and £ describe the geometric coordinates of arm

hinge, rear axle mass, and air spring, respectively, and L is the trailing arm length. The
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damping force developed by the suspension damper is related to the relative velocity
across the damper and geometry of the damper link as shown in Figure 2.12 a, the relative

velocity, & across the damper, along its axis, may be expressed as:

Z,=2,+£,0+({  Pcos), X, =%g—(h, +£,)8— (¢, Psina),
Zy=2,+(, +£05)0, X =X +h0,

V, =2,sinf-x, cosP, Vg =2, sinfB—%, cosP,

3 =Vu-V,

5= [ZDBQS —¢,,0cosafsinB - £,6 +£,,6 sinoJcosp. (2.15)

Figure 2.12a: Velocity components of air suspension damper inclined to the linkage.

where £, and £, are the distance from the hinge to the chassis of the damper and
distance from hinge to the point where the damper is attached on the link respectively. B

is the inclined angle of the damper with the horizontal axis.
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Assuming viscous damping, the damping force F,, developed along the axis of the damper
is expressed as:
Fp=Cg, 8 (2.16)
where C;, is the equivalent viscous coefficient of the air suspension damper.
While the dynamic force due to front axle tires is derived from Equation (2.3), the
force developed by the rear axle tire is related to the kinematic behaviour of the trailing

axis. Assuming liner stiffness (K;z) and damping (C;g) properties and point contact with

the road, the tire force F;y is derived as:

Fir =KXy +CprXq; for x; <0.

Fr=0; for x; =0. 2.17)
where x;is the relative vertical deflection of the tire, given as:

X =2, +€ 0+ L cosoup—2zy, —8p. (2.18)
Equation (2.12) to (2.18), together with (2.2), (2.3) and (2.6), describe the pitch plane

dynamics of the three-axle truck equipped with trailing arm rear axle suspension and

subject to road excitations, z, and z., at the front and rear tire-road contacts.

2.3.3 Characterization Of Suspension Damping

The vehicle suspensions, in general, yield high dynamic wheel loads in the low
frequency range associated with resonances of the sprung masses. The control of vehicle
vibration in these frequency bands is thus necessary for both the road friendliness and

ride quality of the vehicle. The suspension springs are often selected to achieve a
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compromise among improved ride quality offered by the soft springs, and improved
handling performance offered by medium hard springs. While the influence of restoring
properties of heavy vehicle suspension and axle configurations on the dynamic wheel
loads has been reported in many analytical and experimental studies [49], the influence of
dissipative properties of the suspension has been addressed only in a limited number of
studies [51, 60]. The influence of suspension damping on ride dynamics of vehicles,
however, has been extensively investigated [53]. Since the vehicle ride quality and
dynamic wheel loads are both related to vehicle vibration modes, the suspension damping
considered adequate for improved ride quality can lead to enhanced road friendliness of
the vehicle.

Suspension dampers play an important role in reducing the transient loads
transmitted to the chassis and the pavement, thereby improving the ride quality of the
vehicle. The vehicle vibration modes, and thus the dynamic chassis and pavement loads,
and vehicle ride quality are strongly related to the damping properties of the suspension.
The importance of suspension dampers increases for the air suspension, as it does not
provide any inherent damping (coulomb damping) unlike the leaf spring suspension. The
suspension dampers, in general, are designed to yield high damping at low relative
velocity, due to the bleed flows, and low damping at higher velocities, due to flows
through blow-off valves. The transition from high to low damping occurs in the vicinity
of a transition velocity. Furthermore, typical suspension dampers yield asymmetric
damping in compression and rebound, as shown in Figure 2.13. The force velocity
characteristics reveal low damping coefficient in compression and two-stage damping

properties in the rebound stroke attributed to bleed and blow-off flows. The transition
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Figure 2.13 Force-Velocity characteristics of a typical hydraulic damper
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from bleed to blow-off flow occurs at predetermined velocity, Vg the low speed-damping
coefficient in the rebound stroke is considerably larger than that in the compression
stroke. The damping force developed by such asymmetrié and nonlinear damper can be
expressed as:

F, =C,8; for 3, <0,

F =C2i8i; for vy >$i >0,

Fpi =C,veg +Cyi(8, —vg);  for 8, 2vg, (2.19)
where Fp, is the damping force developed by suspension damper i (i=F,R), C,; and C,; are
the compression and rebound damping coefficient corresponding to low velocities. C;; is
the damping coefficient corresponding to higher velocities. The damping coefficients and
the transition velocity of a hydraulic shock absorber employed in air suspension are
identified through measurement of the force-velocity characteristics
in the laboratory [96]. The measured force-velocity characteristics of the damper subject
to harmonic relative deflections are shown in Figure 2.14. The measured data reveals
considerably lower damping in compression than in rebound, and two-stage damping in

the rebound stroke. The measured data is analyzed to derive the mean force-velocity

curve and the corresponding damping coefficient, which are summarized below:

C,= 1625 Ns/m; C,= 15,257 Ns/m;

C,= 8023 Ns/m; and V= 0.144m/s.

52



Jodurep uoisuadsns e ue jo sonsuLIORIRYD AJI0[9A-3010] PamseI 17 omSLg

(snur) Ky190[R A

1

‘0 0°0 t°0- ¢2°0- £°0- y°'0- S°0-

= 0°00S-

.. . 0°00S

0°0001

0°00S1

0°0002

- 0°00s2

- 0°000¢

- 0°00S¢

. . 0°000F

(Bb 7o (0T 149 TM)LIOSHEZ0" (29 Z/0ZM) AP )UOS)AY :pTM

(N) 32104

53



24 CHARACTERIZATION OF ROAD PROFILE

The dynamic characteristics of the road vehicle, and thus the dynamic wheel loads
and the ride quality are strongly related to the road profile. The roads are known to
exhibit randomly distributed roughness. A number of studies have established that road
roughness closely follows a Gaussian distribution, and proposed spatial spectral density
functions to characterize the mean roughness profiles of various roads. Alternatively, the
roughness characteristics of various roads in Ontario, reported by Damien [97], can be
considered for the study of driver-and road-friendliness of the heavy vehicle. Damien [97]
reported the roughness profiles of various roads, ranging from extremely smooth to very
rough roads. In this dissertation, the vehicle models are analyzed for the two different
roads, referred to as smooth road. The power spectral density (PSD) of the roughness of

the selected roads is illustrated in Figure 2.15.
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Figure 2.15 Displacement spectral density due to road excitations.
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2.5 VEHICLE PARAMETERS

The weights and dimension parameters of the three-axle truck are identified from the data
reported by Road Transport Association of Canada [70]. The equivalent spring rates of

the suspension and tires are also identified form the reported data.

parameters for the vehicle model are thus compiled and summarized in Table 2.2.

2.6

corresponding analytical models are derived. The analytical models of a three-axle truck
comprising either linear, leaf or air suspension are formulated. The road roughness of two
different roads characterized in terms displacement PSD, is described to perform the

dynamic analysis of the vehicle models. The vehicle models are analyzed in the following

Table 2.2 List of simulation parameters for the three-axle truck models.
Description of the parameters Parameter values
Mass of the truck (m,) 7200.0 kg
Truck Pitch moment of inertia (I) 100000.0 kgm?
Front tire and axle assembly mass (m,,) 353.0kg
Rear tire and axle assembly mass (m,) 653.0 kg
Front axle suspension stiffness (K,,) 295.3 KN/m
Rear axle suspension stiffness(K) 797.3 KN/m
Front axle suspension damping coefficient( Cg) 2.9 KNs/m
Rear axle suspension damping coefficient (Cg) 5.9 KNs/m
Front tire suspension stiffness (K.,) 1100.0 KN/m
Rear tire suspension stiffness(K-,) 2200.0 KN/m
Front tire suspension damping coefficient (C,) 0.4 KNs/m
Rear tire suspension damping coefficient(C) 0.8 KNs/m
Distance from front axle to CG (1) 3.757m
Distance from rear axle to CG (1) 2441 m

SUMMARY

The suspension components are characterized using the experimental data and

The simulation




chapters to determine optimal properties of suspension damping and dynamic vibration

absorber.
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CHAPTER 3

ENHANCEMENT OF ROAD FRIENDLINESS OF A HEAVY
VEHICLE USING DYNAMIC VIBRATION ABSORBER

3.1 INTRODUCTION

Dynamic wheel loads tend to predominate in the vicinity of bounce mode
resonant frequencies of the sprung and unsprung masses. To achieve attenuation of
dominant resonant vibrations an absorber tuned to the vertical mode resonant frequencies
of the vehicle may be implemented. A dynamic vibration absorber is known to be most
effective in a narrow frequency band around its natural frequency [11]. The effectiveness
of a vibration absorber is further dependent upon its mass and damping properties [12,
13]. A vibration absorber thus need to be tuned to achieve its natural frequency close to
the disturbance frequencies, which need to be attenuated, with practically applicable
absorber mass. An absorber tuned to the low sprung mass bounce resonant frequency is
considered impractical, since it requires a large absorber mass. The vibration absorbers,
tuned to the unsprung mass resonant frequencies, however, can be realized with relatively
small mass. The vehicular vibration and the dynamic loads in the vicinity of wheel hop

frequencies can thus be attenuated. The performance of the absorber is strongly

influenced by its non-dimensional tuning parameters such as the mass ratio (L ,;), the
frequency ratio (€,;) and the damping ratio (£, ). In this analysis, a parametric study of

absorber characteristics and the methodologies to select their optimal values for an

effective tuning are presented.
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3.2 TUNING OF THE AXLE ABSORBER

In order to tune the front and rear axle absorbers, the resonant frequencies of the
conventional vehicle model without the absorber are identified through an eigenvalue
analysis. Neglecting the wheel hop, the linear system of equation corresponding to static
equilibrium, is expressed in the matrix form:

Mi+Cq+Kq=C,q,+Kq, > (3.1)
where M, C and K are (nxn) mass, damping and stiffness matrices, respectively. C, and
K, are (nx2) forcing damping and stiffness matrices, respectively. q and q, are (nx1) and
(2x1) vectors of response and excitation coordinates. n is the number of degrees-of-
freedom of the truck model, and is equal to 4 and 6, respectively, for the models without
and with the axle absorbers. Since the current designs of truck suspensions offer very

light damping, the resonant frequencies may be conveniently estimated from the

eigenvalue analysis of the undamped vehicle model without the absorber:

Ko=AMo, (3.2)
where A are the eigenvalues and ¢ are the modal or eigenvectors. Eigenvalues and
corresponding resonant frequencies of the sprung and unsprung masses are summarized

in Table 3.1.
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Table 3.1 Eigenvalues and Resonant Frequencies of the vehicle model.

Dominant Deflection Mode Eigenvalue (A) | Resonant Frequency (Hz)
Sprung Mass (Vertical mode) 120.0 1.74

Sprung Mass (Pitch mode) 60.0 1.233

Unpsrung Mass (Front vertical mode) 3970.0 10.03

Unsprung Mass (Rear vertical mode) 4633.00 10.838

3.3 PARAMETRIC STUDY OF THE TUNING PARAMETERS

The performance characteristics of axle absorbers and its tuning parameters are
investigated for both deterministic and stochastic road excitations. A performance
criterion comprising the tire loads in terms of DLC and the rms acceleration response at
the driver seat of the vehicle model is formulated to study the influence of tuning
parameters. Since the dynamic wheel loads are primarily attributed to the vertical
dynamics of the vehicle, the model is initially analyzed for constant amplitude harmonic
displacement excitations, to investigate the influence of axle absorbers on the dynamic
tire loads. Fourier transform of equation (3.1) yields the frequency response function

matrix:
2 ! 2
H(jm)=[K—m M+jmc} [Koﬂ'w Co]- (3.3)

The dynamic tire forces are related to the relative tire deflections and restoring
and dissipative properties of the tires. The relative deflections of the front, X;=Z,-Z ., and

rear, Xp=27,-Z , tires can be derived from the following transformation:

X=TH( ©)QsQ (3.4)
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where T is a (2xn) transformation matrix and X is a (2x1) vector of relative deflections
across the tires. The normalized dynamic tire forces, ratio of dynamic tire force to the

static load, under harmonic excitations, are then computed from:

_ Ky +joCy)
K:zy

B; X;(jo)|, fori=F, R (3.5)

where §3, is the normalized dynamic force due to tires on axle i.

The coupled differential equations of motion for the vehicle model, incorporating
wheel hop, and linear suspension characteristics, derived in section 2.2, are solved for
excitations arising from the selected road roughness profiles. Displacement excitations at

the front and rear axle tire-road interface are derived from the measured profile, Z,(t),

the vehicle speed V, and wheelbase effect, L/V. The dynamic wheel loads are analyzed in
terms of the Dynamic Load Coefficient (DLC), defined as the ratio of rms dynamic force
to the static tire load. The response characteristics of the vehicle model under stochastic

excitation are further expressed in terms of their power spectral densities (PSD).

3.3.1 Harmonic Excitations

The frequency response characteristics of the vehicle acceleration and tire loads
are investigated for various absorber parameters. The frequency response characteristics
are presented in terms of the normalized tire loads (ratio of magnitude of steady state
dynamic tire force to the static tire force), and acceleration transmissibility (ratio of
magnitude of response acceleration to that of the excitation acceleration). Frequency

response characteristics are derived for identical harmonic excitations at the front and rear
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tire-road interface, and the results are discussed to highlight the influence of absorber

parameters.

Influence of frequency ratio:

The influence of uncoupled natural frequency of the absorber on the dynamic tire

load is investigated by varying the non-dimensional absorber frequency ratio, Q;,

defined as:

;==—%, i=F,R, (3.6)
Ui

where

®,; = Uncoupled absorber natural frequency of the absorber i.

oy; = Uncoupled resonant frequency of the unsprung mass i (K;/m;)

Figures 3.1 and 3.2 illustrate the influence of absorber frequency ratio on the
unsprung mass acceleration transmissibility and normalized tire load characteristics,
respectively. The response characteristics of the vehicle model with the axle absorbers are
compared with those of the conventional vehicle without the absorbers. The absorber
damping ratios, &, and &, are selected as 0.10. The absorber mass ratios, p,. and
M .r » the ratio of absorber mass to the unsprung mass to which it is attached, are selected
as 0.10. The frequency response characteristics of the vehicle without the absorber reveal
dominance of tire loads in the vicinity of bounce and pitch resonant frequencies of the
sprung mass (1.74 and 1.23 Hz ), and resonate frequencies of the front and rear unsprung

masses.
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The axle absorbers tuned to the unsprung mass resonant frequencies, Q;=1., reduce the

magnitudes of normalized tire loads and the acceleration transmissibility corresponding
to the axle resonant frequencies. The peak tire loads as well as the unsprung mass
acceleration response near the sprung mass resonant frequencies remain insensitive to the
axle absorbers. The axle absorbers, however, yield two resonant peaks on either side of
the resonant frequency of each unsprung mass, as shown in the Figures 3.1 and 3.2. These
side-band peaks of the rear axle absorber occur around 8 and 12 Hz. The corresponding
side band frequencies of the front axle absorber occur around 7.5 and 11 Hz. The
magnitudes of these resonant peaks are considerably lower than those due to the vehicle
without the absorbers. The magnitudes of the side-band peaks are strongly related to the

absorber frequency ratio, Q;. An absorber frequency ratio near 0.85 yields nearly similar

magnitudes of peak tire loads around the resonant frequencies of unpsrung

Mass of both the front and rear axles.

Influence of Damping Ratio:

The effectiveness of the axle absorbers in reducing the tire loads near the wheel
hop frequencies is strongly dependent upon the absorber damping ratio. Figure 3.3
illustrates the influence of the absorber damping ratio on the normalized tire load, for
Q,=0.85 and p,;=0.10. Although a lightly damped absorber (§,,=0.05) significantly
reduces the tire load near the unsprung mass frequency, the magnitudes of resulting side-
bands resonant peaks are quite large. While an increase in absorber damping tends to
suppress the magnitudes of the two resonant peaks, the effectiveness of the absorber at
the tuned frequency diminishes, as shown in the Figure 3.3. The results reveal that a

damping ratio above 0.20 is not particularly beneficial to reduce the normalized tire loads
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in the vicinity of the wheel hop frequencies. The vehicle response near the sprung mass

resonances remains insensitive to the damping ratio of the axle absorbers.

Influence of Mass Ratio:

Figure 3.4 illustrates the influence of absorber mass ratio on the normalized tire
load response characteristics of the vehicle. Compact and lightweight axle absorbers are
desirable for their ease of installation and minimal influence on the payload capacity of
the vehicle. The axle absorbers with low mass, however, do not effectively attenuate the
resonant peak near the wheel hop frequencies. While an increase in the absorber mass
tends to suppress the tire load and unsprung mass acceleration at the tuned frequency, the
magnitudes of peaks near 8.1 Hz (rear axle) and 7.6 Hz (front axle) increase. The peak
magnitudes corresponding to the wheel hop frequencies of the conventional vehicle,
however, decrease with the increase in the absorber mass. The axle absorbers with
relatively large weight may thus considered to be detrimental to both the payload capacity

of the vehicle and normalized tire loads transmitted to the pavements.

3.3.2 Stochastic Road Excitations

The equations of motion are solved for stochastic road excitations arising from
randomly rough roads using numerical integration techniques. The vehicle model
incorporating wheel hop and linear suspension properties is analyzed under excitation
arising from three different roads. The roughness characteristics of the selected roads
have been described in section 2.4. The vehicle response characteristics are analyzed and
expressed in terms of Power Spectral Densities (PSD) of the sprung, and unsprung mass

accelerations, and the tires loads. The dynamic tire loads are also expressed in terms of
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the Dynamic Load Coefficients (DLC), as a function of the absorber tuning parameters,

€;, p, and g,,. The response characteristics of the vehicle model with axle absorbers

are also compared to those of the conventional vehicle to demonstrate the effectiveness of

the absorbers.

Influence of Frequency Ratio:

Figures 3.5 and 3.6 present the PSD of dynamic tire loads and unsprung mass

acceleration response as a function of the absorber frequency ratio, Q,, when the vehicle

model is subject to excitations arising from the rough road. The axle absorbers tend to
suppress the resonant response corresponding to wheel hop frequencies, as illustrated in
the case of harmonic excitations. The influence of frequency ratio is investigated for
constant values of p,;=0.1 and ¢ ,,=0.1.

The magnitudes of the peak tire force and acceleration response of the vehicle
with the absorbers at frequencies, below the unsprung mass resonant frequency, are
considerably larger than those of the conventional vehicle. This is attributed to the
existence of the side band frequency around 7.5 and 8 Hz for front and rear axles,
respectively. The magnitudes tire load and the acceleration at frequencies (in the vicinity
of the side band frequency) higher than the unsprung mass resonant frequency, however,
are either lower or similar to those of the conventional vehicle, irrespective of the
absorber frequency ratio. The peak response in the 7-8 Hz range tends to decrease with
lower absorber frequency ratio. The peak response at higher resonant frequencies in the
11-12 Hz range, however, increases with decrease in the frequency ratio. The results

show that the peak tire loads in the vicinity of wheel hop frequencies may be reduced
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with absorber frequency ratio ranging from 0.85 to 0.95. The axle absorbers do not
influence the dynamic tire loads as well as the acceleration response at frequencies below
5 Hz. Figure 3.7 illustrates a comparison of PSD of vertical and pitch accelerations
derived at the driver seat coordinates of the vehicle with and without the axle absorbers.
Addition of axle absorbers does not affect the vehicle ride quality at frequencies below 6
Hz, and yields only slight deterioration the vehicle ride quality in the vicinity of 8 Hz.
The axle absorbers, however, suppress the vertical and pitch ride vibration considerably

in the vicinity of wheel-hop frequencies.

Influence of Damping Ratio:

The influence of absorber damping ratio on the sprung mass acceleration and
dynamic tire load characteristics is investigated by varying the damping ratio from 0.1 to

0.2, while €,=0.85 and p,;=0.1. Since the addition of axle absorbers does not affect the

sprung mass acceleration in the range of important ride frequencies (below 6 Hz), the
dynamic tire load characteristics alone are presented. The influence of absorber damping
ratio on the PSD of dynamic tire loads is illustrated in Figure 3.8. The undamped axle
absorbers (,,=0) suppress the peaks, corresponding to the respective unsprung mass
frequencies, almost entirely. The undamped absorbers, however, yield excessive peak
magnitudes corresponding to the side band frequencies, as shown in Figure 3.8. An
increase in absorber damping ratio tends to reduce the peak magnitudes of side band
frequencies, while diminishing the effectiveness of the absorber at its tuned frequency.
The results suggest that the dynamic tire loads corresponding to the unsprung mass

resonances can be considerably reduced using axle absorbers with 0.10<g ,,<0.20.
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Influence of Mass Ratio:

The influence of absorber mass ratio on the dynamic tire loads is investigated by

varying u,; from 0.05 to 0.2, while the values of frequency and damping ratios are held
constant (£2;=0.85, £ ,,=0.1). Figure 3.9 illustrates the PSD of dynamic tire loads on the
front and rear axles as a function of the absorber mass ratio, p,;. Lower values of p,;
reduce the effectiveness of the axle absorber at its tuned frequency, with considerably
lower peak value at the side band frequencies in the 7-8 Hz range. An increase in the

value of p,; tends to improve the effectiveness of the absorbers in the vicinity of their

tuned frequencies with excessive peak response at the lower side band frequencies (7-

8Hz). A heavier absorber, however, tends to reduce the payload capacity of the vehicle.

3.3.2 Dynamic Load Coefficient

The severity of dynamic tire forces transmitted to the pavement is often assessed
in terms of DLC. The DLC of tire forces, however, is strongly dependent upon the road
roughness and the vehicle speed. The influence of absorber parameters on the DLC tire
forces is thus further investigated as a function of the vehicle speed and the road
roughness. The dynamic tire forces of tire vehicle model employing axle absorbers are
analyzed for excitations arising from different roads (Smooth, medium rough, and rough)
at speeds of 100 km/h and 120 km/h. The tire forces are then analyzed to derive the DLC

of front and rear tire forces.

Influence of Damping Ratio:

Figure 3.10 illustrates the influence of absorber damping ratio on the DLC of the

tire loads for two different vehicle speeds, 100 and 120 kmm/h and rough road excitations.
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Table 3.2 Influence of the absorber parameters on the dynamic load coefficients (Vehicle
speed= 120 km/h).

FRONT AXLE TIRES REAR AXLE TIRES
Absorber Parameters DLC % Reduction DLC % Reduction
Frequency ratio

0.85 0.2186 15.04 0.2280 19.83
0.90 0.2190 14.89 0.2272 20.11
0.95 0.2198 14.57 0.2283 19.73

1.0 0.2220 13.72 0.2307 18.88
1.10 0.2274 11.62 0.2376 16.46

Damping ratio
0.02 0.2455 04.59 0.2551 10.30
0.05 0.2324 09.68 0.2405 15.44
0.10 0.2229 13.37 0.2307 18.88
0.15 0.2198 14.57 0.2283 19.73
0.20 0.2193 14.77 0.2290 19.48
Mass ratio
0.05 0.2317 09.95 0.2454 13.71
0.10 0.2231 13.29 0.2333 17.97
0.15 0.2198 14.57 0.2283 19..73
0.20 0.2189 14.92 0.2262 20.46
No Absorber 0.2573 0.2844
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The frequency and mass ratios are held constant at 0.95 and 0.15, respectively. The DLC
of front and rear axle tire forces of the conventional vehicle at a speed of 120 km/h are
obtained as 0.2573 and 0.2844, respectively. An undamped axle absorber tends to
increase the DLC of the front axle tire loads, specifically at a speed of 120 km/h, and
yields only slight reduction of DLC of the rear axle tires. A slight increase in £, tends to
reduce the DLC considerably, irrespective of the vehicle speed. An increase in damping
ratio beyond 0.10 yields insignificant variations in the DLC. A further increase in the
absorber damping ratio above 0.20 yields only a slight increase in the DLC. Results show
that the axle absorbers with £,,=0.15, can reduce the DLC of front and rear axle tire by
14.5% and 19.75%, respectively. The DLC and the percentage reduction in DLC of the
front and rear axle tires caused by various absorber parameters are further summarized in

Table 3.2. The results further reveal the existence of optimal damping ratio of vibration

absorber.

Influence of Frequency Ratio:

The influence of absorber frequency ratio, 2, on the DLC of front and rear axle
tires at two different speeds is illustrated in Figure 3.11.The damping and mass ratios are
held at 0.10 and 0.1, respectively. While an absorber frequency ratio of 0.83 appears to
be optimum for both the front and rear axle absorbers, it is also evident that the DLC is
relatively insensitive to the range of frequency ratios considered in this study (0.85-1.0).
Results tabulated in Table 3.2 further reveal that the percent reduction in DLC varies by

approximately 3.5 over the range of Q; values considered. The results also suggest that

the axle absorber tuned to the resonant frequencies of the unsprung masses of the nominal
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vehicle will provide effective reductions of the DLC for a range of variations in wheel

hop frequencies, caused by changes in the design or operating conditions.

Influence of Mass Ratio:

Figure 3.12 illustrates the influence of the absorber mass ratio, on the DLC of
front and rear axle tires at two different speeds. While the light weight axle absorbers

(; £0.05) reduce the overall DLC, the reduction is limited to 9.95% and 13.71% for the

front and rear axle tires, respectively. An increase in the absorber mass ratio to 0.10
yields relatively larger reduction in DLC (13.29% and 17.97% for front and rear axle
tires, respectively), irrespective of the vehicle speed. A further increase in the absorber
mass ratio beyond 0.10 yields only marginal additional reduction in DLC, as illustrated in
Figure 3.12 and Table 3.2. It appears from the results that an absorber mass ratio in the

range 0.05<p,; <0.10, can provide in considerable reduction in DLC, with relatively

small effect on the payload capacity of the vehicle.

3.4 OPTIMIZATION OF ABSORBER PARAMETERS

The results discussed in section 3.3 revealed that the dynamic tire loads in the
vicinity of wheel-hop frequencies can be reduced through axle absorbers tuned near the
unsprung mass resonant frequencies. However the axle absorbers tend to yield peaks at
two side band frequencies. Since the peak loads corresponding to these side band
frequencies can be suppressed by selecting appropriate absorber damping, frequency and
mass ratios, a constrained multi parameter optimization problem is formulated. The

effects of optimal axle vibration absorbers on the DLC and the acceleration response are
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derived to demonstrate their potential performance benefits. Furthermore, the results

summarized in Table 3.3 suggest the existence of optimal damping, frequency and mass

ratios for the effective realization of dynamic vibration absorber to enhance the road

friendliness of a heavy vehicle.

Table 3.3 Comparison of DLC of tire forces of the vehicle with and with out the
absorber.
Road Speed DLC (With DLC(With out % Reduction in
Roughness | (km/h) Absorber) Absorber) DLC
Front Rear Front Rear Front Rear
80.0 0.217 0.218 0.914 0.193 10.6% 11.5%
Rough 100.0 0.215 0.262 0.17 0.21 20.9% 19.8%
120.0 0.257 0.281 0.22 0.23 14.4% 18.1%
80.0 0.164 0.147 0.158 0.141 4.0% 4.08%
Medium 100.0 0.31 0.15 0.30 0.147 3.22% 2.0%
120.0 0.242 0.280 0.216 0.262 10.7% 6.5%
80.0 0.053 0.063 0.051 0.061 4.0% 9.17%
Smooth 100.0 0.06 0.054 0.058 0.052 3.33% 4.25%
120.0 0.051 0.06 0.046 0.055 9.8% 8.33%

3.4.1 Optimization Problem

Since the axle vibration absorbers tuned to the wheel-hop frequencies do not

affect the vehicle ride quality derived from the sprung mass acceleration response, a

constrained objective function is formulated to minimize the DLC due to tire forces as a

function of vehicle speed, V. A weighted objective function is developed to study the

effectiveness of the absorber in a wide range of vehicle speeds:

. 3
Minimize U(X)= X
k=

1[DLcF(vk) +DLCp (V, )] i=F,R
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Subject to limit constraints £ ,,<1.0; 0.8<Q, <1.1; and 0O.<p, <0.1 3.7

where X is the design vector, comprising the absorber frequency ratio (Q.i ), mass ratio

(4;) and damping ratio(&,,). The optimization problem is solved for three different
speeds (V, =80, 100 and 120 km/h), using a nonlinear programming technique based
upon the Quasi-Newton finite-difference gradient method [14]. It should be noted that the
absorber mass ratio is limited to a maximum of 0.1 to achieve a lightweight absorber
design. The equation of motion for the six-DOF vehicle model are solved under
excitations arising from rough road, using direct integration techniques. The optimization
problem, described in equation (3.7), is solved under excitations arising from a rough
road at three selected speeds. The optimization was performed with different starting
values in order to approach the true optimal parameters. The majority of the optimization

runs converged to the absorber parameters: Q= 0.856, &,,= 0.141, p,=0.1. The

response characteristics of the vehicle model with optimal absorber are then evaluated for

different road roughness and vehicle speeds.

3.4.2 Performance characteristics of the Optimal Axle Absorber

The vheicle model with optimal axle absorbers is solved under excitations arising
from three different roads, while the vehicle speed is varied from 80 km/h to 120 km/h.
The tire forces, expressed in terms of DLC, are compared with those derived for the
vehicle model without the absorber, as a function of the road roughness and vehicle
speeds, as shown in Table 3.3. The results show that optimal axle vibration absorbers

reduce the DLC due to tire forces at front and rear axle tires, irrespective of the vehicle
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speed and road roughness. The reduction in DLC ranges from 11.5%, to 20.93% for
excitations arising from a rough road, and from 3.33% to 9.8% for the smooth road.
Although the optimal absorber parameters are selected for excitations arising from rough
roads, the results also demonstrate the effectiveness of the proposed absorber for the
smooth roads.

Figure 3.13 and 3.14 illustrate a comparison of PSD of vertical and pitch
accelerations derived at the driver seat coordinates and the unsprung mass vertical
acceleration of the vehicle with and without axle absorbers. It is evident from the figure
that the addition of axle absorbers does not affect the vehicle ride quality. The vertical
and pitch acceleration response at the driver’s seat location near the sprung mass
resonance frequencies remain unaffected by the absorbers. The vehicle ride quality is
mostly related to the acceleration response near the sprung mass resonance and in the 4-8
Hz frequency range. The influence of the axle vibration absorber on the ride quality is
thus insignificant, while the vertical and pitch acceleration response in the vicinity of
wheel-hop frequencies decrease considerably. The axle vibration absorbers affect the
dynamic tire forces on the front and rear axles in a very similar manner, as shown in
Figure 3.15. The peak dynamic tire forces due to front and rear axle tires in the vicinity of
the unsprung mass resonant frequencies decrease considerably, when optimal absorbers
are introduced. The tire forces in the vicinity of the side band frequency (6-9 Hz),
however, increase. The tire forces near the sprung mass resonant frequencies remain
unaffected by the axle absorber, as observed earlier from Figure 3.15.

The results presented in Figures 3.13, 3.14 and 3.15, and Table 3.3 illustrate that

the dynamic tire loads in the vicinity of wheel hop frequencies can be reduced through
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axle absorbers tuned near the unsprung mass resonant frequencies. The tuning of the
absorber parameters is strongly dependent on the payload, tire and suspension properties,
vehicle speed and road roughness. Variation in these operating and design variables may
necessitate re-tuning of the absorber parameters. In the present analysis, the absorber
tuning is attained for an operating speed range of 80-120 km/h and rough road. The
effectiveness of the tuned absorber is further illustrated for vehicle operation on a smooth

road.

3.5 SUMMARY

The enhancement of road friendliness of heavy vehicles is analytically
investigated using the concept of a dynamic vibration absorber, tuned to the resonant
frequencies of the unsprung mass of the vehicle model. The effectiveness of the dynamic
vibration absorber, in reducing the dynamic loads, is strongly dependent upon its tuning
parameters. A parametric study is performed to analyze the influence of the frequency
ratio, damping ratio and mass ratio of the absorber on the tire loads and the acceleration
response for deterministic and stochastic excitations at tire-road interface. A weighted
multi parameter objective function is developed to study the effectiveness of the absorber
in a wide range of vehicle speeds. The solution of the optimization problem has revealed
that the damping ratio of 0.14, frequency ratio of 0.85 and mass ratio of 0.1 are desirable
for the effective performance of the absorber. Further results of the study revealed that the
optimal axle vibration absorber yields reduction in DLC in the range 11.5% to 20.93%
for excitation arising from a rough road, while the reduction is 3.3% to 9.85% for the

smooth road in the 80-120 km/h speed range. The combined effect of optimal axle
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absorber and optimal suspension damping, in enhancing the road and driver friendliness,

is illustrated in Chapter 5.
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CHAPTER 4

ENHANCEMENT OF DRIVER AND ROAD FRIENDLINESS
THROUGH OPTIMAL SUSPENSION DAMPING

4.1 INTRODUCTION

Variations in the dynamic tire forces of heavy vehicles are strongly related to
vibration modes of the vehicle associated with vertical and pitch motions of the sprung
and unsprung masses. The vibration modes and thus the dynamic wheel loads are
dependent upon the vehicle and axle configurations, inertial and geometrical properties of
the vehicle, and properties of the suspension and tire {10, 20 and 61]. The dynamic wheel
loads in general, predominate in the low frequency range associated with the resonances
of the sprung masses. The walking-beam suspensions, due to their light pitch mode
damping, and air-suspensions, due to their reduced spring rate in rebound, also yield high
dynamic loads in the higher frequency range in the vicinity of the wheel hop modes [17].
The control of vehicle vibration in these frequency bands through optimal suspension
design can enhance both the road friendliness and ride quality of the vehicle. While soft
suspension springs are highly desirable to enhance the ride quality and wheel load
performance, the realization of adequate directional control and rattle space performance
necessitates relatively hard suspension springs. The suspension springs are thus selected
to achieve a compromise among these conflicting requirements, with relatively larger
weighting placed on the rattle space and directional control performance requirements

[60]. Since both the dynamic loads and the ride quality are related to vehicular vibration

91



modes, the suspension design with optimal damping offer significant potentials to
enhance both the driver-and road-friendliness of the vehicle without affecting the rattle
space and directional control requirements.

In this study, an analogy between the dynamic wheel loads and ride quality
performance characteristics of heavy vehicles is initially, established through analysis of
simple quarter-véhicle vehicle model. A weighted optimization function comprising the
dynamic load coefficient (DLC) and the overall rms vertical acceleration at the driver’s
location, for linear and nonlinear suspensions, is formulated to determine the optimal
design parameters of the damper. The results show that optimal asymmetric damping can
enhance both the road-and driver-friendliness of the vehicle considerably. The dynamic
wheel loads and ride performance characteristics of vehicle with optimal suspension

damper and axle absorber are further analyzed and discussed.

42 ANALOGY BETWEEN THE RIDE QUALITY AND TIRE
LOADS

While the influence of restoring properties of heavy vehicle suspension and axle
configurations on the dynamic wheel loads has been reported in many analytical and
experimental studies [49], the influence of dissipative properties of the suspension has
been addressed only in limited number of studies [43, 60]. The influence of suspension
damping on ride dynamics of vehicles, however, has been extensively investigated [12].
Since the vehicle ride quality and dynamic wheel loads are both related to vehicle
vibration modes, the suspension damping considered adequate for improved ride quality
can lead to enhanced road friendliness of the vehicle. An analogy between the dynamic

wheel loads (DWL) and ride performance can be established through analysis of a linear
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quarter-vehicle model. Since the ride quality of a vehicle relates to the exposure of the
driver to the whole-body vehicular vibration measured in terms of vertical acceleration, is

evaluated from the overall rms vertical acceleration of the sprung mass [98].

X,
Figure 4.1 A two-DOF quarter-vehicle model.

Figure 4.1 illustrates a quarter-vehicle model comprising sprung and unsprung
masses, m, and m, constrained to move along the vertical axis, linear suspension spring
K suspension damping Cg, and the linear tire parameters K; and C;. The equations of
motion of the two-DOF vehicle model are formulated as:

mgX, + Fs(z))+F,(2,))=0
myX, +F.(z,,2,) - F(z,)-F,(2,)=0 4.1)
where x, and x, are the deflection of the sprung and unsprung masses, respectively, and x,

is the displacement excitation due to roads. z,= Xx,-X, and z,=x,-x,. The vehicle model is
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analyzed to determine the dynamic tire force F; and the sprung mass acceleration
X, arising from a randomly rough road. While the time history of F; is analyzed to derive

the DLC, the time history of X, is analyzed to yield the overall rms acceleration, a:

%Z(Fﬂ _FT)Z
DLC= 1= _ ,
E

T

a= [% Ii&lz(t)dt:lz, (42)

0

where F, is the mean tire force, T is the total simulation time. Equation (4.1) and (4.2)
are solved for both linear viscous and nonlinear asymmetric damping to study the analogy
between the DLC and the ride quality. Figure 4.2 illustrates the DLC and overall rms
acceleration response of the vehicle model with linear viscous damping as a function of

the uncoupled damping ratio, &g = —L . The results clearly show that both the DLC
2/kgmyg

and the overall rms acceleration decrease with an increase in suspension damping ratio.
The results further indicate that the suspension damping influences the ride quality and
tire loads in a similar manner. While an increase in suspension damping ratio beyond
0.15 yields only minimal further reduction in DLC, higher damping tends to deteriorate
the ride quality at frequencies in the vicinity of the fundamental resonant frequencies of

the seated occupant (near 5 Hz) [98].
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Alternatively, suspension dampers with asymmetric damping properties in
compression and rebound can effectively reduce the magnitude of tire forces while
preserving the ride response [60]. Figure 4.3 illustrates the influence of asymmetry
constant, the ratio of damping constant in rebound to that in compression, on the DLC
and the overall rms acceleration response of the quarter vehicle model. The compression
mode damping ratio in this example is selected as 0.10. It is evident from the figure that
the damping affects both the overall rms acceleration and the DLC in a similar manner.
The results presented in Figures 4.2 and 4.3 clearly illustrate an analogy between the
road-and driver-friendliness characteristics of the vehicle. Thus the suspension damping
considered adequate for improving the ride quality can lead to enhancement of road
friendliness of the vehicle. The results presented in Figures 4.2 and 4.3 further reveal the

existence of optimal compression damping ratio and asymmetry constant.

4.3 OPTIMAL SUSPENSION DAMPING FOR LINEAR
SUSPENSION

From Figures 4.2 and 4.3 it is apparent that the suspension damping affects both
the ride quality and dynamic wheel loads. A moderate increase in suspension damping
yields considerable reduction in DLC and the overall rms acceleration response, a
measure of the vehicle ride quality. While high suspension damping results in only slight
reduction in the DLC, it tends to deteriorate the ride quality in the 3-8 Hz frequency
range, which coincides with the whole-body resonance of human body [98]. In this study,
optimal asymmetric suspension damping characteristics are derived to enhance the road
friendliness of the vehicle with appropriate consideration of the ride quality. A multi

parameter optimization problem is formulated and solved to determine the optimal

96



suspension damping. The optimal suspension damping parameters are strongly dependent
upon the vehicle configuration, gross vehicle weight, axle loads, suspension type, road
roughness and vehicle speed. The analytical model of the straight truck, presented in
chapter 2, is considered for the optimization study, and the axle loads and gross vehicle
weight are selected in accordance with the weights and dimensions regulations. The
optimal damping properties are derived for linear, leaf and air suspension combinations,
while the vehicle speed is varied in the 80-120 km/h range. Although the optimal
suspension damping properties are identified for excitation arising from a rough road, the
validity of the optimal solutions is also examined for the smooth and medium-rough road

excitations.

4.3.1 Characterization of suspension damping

The four-DOF vehicle model with linear suspension is initially analyzed to study
the influence of both linear and nonlinear asymmetric damping on the tire loads and the

ride quality. The linear suspension damping is expressed in terms of uncoupled vertical

mode damping ratios, &, and &, given by

C .
4! _.i= F, R (Front & Rear) (4.3)

. = ————
i
2(Ksi%
where €, is the sprung mass supported by the suspension spring i and C,; is the viscous
damping coefficient. For asymmetric damping properties, described in Figure 2.13 C,;

represents the damping coefficient in the compression mode.

The low speed rebound damping is expressed by the asymmetry constant, 3; = % The
1i

high velocity rebound damping, attributed to blow-off valves, is represented by reduction
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factor, v, = 9—3# The equations of motion for the four-DOF vehicle model, employing
2i

linear suspension springs, Equation (2.1), are then solved for excitations arising from two

different measured road profiles, referred to as rough and smooth (Figure 2.15).

4.3.2 Problem Formulation and Optimization

From Figures 4.2 and 4.3, it is evident that the suspension damping affects both
the ride quality and dynamic wheel loads. A weighted optimization function comprising
the dynamic load coefficient (DLC) due to tire forces and the overall rms acceleration at

the driver’s location is thus formulated for a range of operating speeds:

u(X)= i[ﬁ(vx) +DLC, (V) + DLC, (Vi)]; (4.4)

The design vector X comprises the asymmetric damper parameters: compression
mode damping ratio §,; asymmetry constant, 3;; transition velocity, Vg ; and damping
reduction factor, v, . The design variables are subject to following limit constraints:

00<&; <&,(0.05,0.1,0.15 and 0.20);

1.0<B, <20.0;

02<y,<09;

002V, 202 m/s. i=F,R 4.5)
The different values of upper limits on the compression mode damping ratio are selected

to study its influence on the asymmetry factor. The a(V,)is the overall rms acceleration

computed at the driver’s seat location corresponding to the vehicle speed Vi , given by:

A(Vi) = ,/% (RS 4.6)
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where, ZS is the vertical acceleration at the driver’s location. It should be noted that the

optimization function yields a weighted measure of DLC and the overall rms acceleration
response over a range of vehicle speeds, V,, ranging from 80 to 120 km/h. The
optimization problem, described in equation (4.4), is solved for three different speeds

using the method discussed in section (3.4.1).

4.3.3 Results and Discussions

The weighted optimization problem, described in the equation (4.4), is solved to
determine optimal asymmetric damping parameters. The optimization is performed for
excitations arising from a rough road over a speed range of 80-120 km/h. The influence
of optimal damping properties on the DLC of tire forces and the overall rms acceleration,
however, is evaluated for smooth as well as rough roads. The constrained optimization
problem was solved in conjunction with the four-DOF vehicle model under different
compression mode damping values. The optimal values of the asymmetry constant,
transition velocity and reduction factor are established for compression damping ratio
ranging from 0.05 to 0.2. The optimization was performed using an array of different
starting values for each compression damping ratio. The minimization problem
converged to near identical values of asymmetry constant, reduction factor and transition
velocity, irrespective of the starting values 4.

Table 4.1, illustrates the optimal damper parameters corresponding to preselected
values of compression mode damping ratio. The results show that the asymmetry constant
decreases considerably with increase in the compression mode damping. A high
uncoupled rebound damping ratio is required, when low compression damping is

selected. The optimal values of the rebound damping ratio, however, remain near 0.8, for
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Table 4.1 Optimal damping parameters for different compression mode damping ratios
of linear spring suspension.
Compression | Asymmetry | Rebound Transition | Reduction | DLC | DLC | 3
Damping Constant Damping Velocity Factor (Front) | (Rear)
Ratio B, Ratio (B.£.) | (Vs (v))
0.05 16.34 0.82 * 1.0 0.129 | 0.152 { 0.9
0.1 8.0 0.8 0.166 0.34 0.129 | 0.152 ] 0.9
0.15 4.56 0.7 0.181 0.364 0.129 ] 0.152 ] 0.9
0.2 3.01 0.6 0.193 0.366 0.129 | 0.152 { 0.9

&, varying from 0.05 to 0.10. The rebound damping ratio decreases in a linear manner,
when &, is increased from 0.1 to 0.2. The results show that a high rebound damping is

required to dissipate the high energy due to low compression mode damping. High
compression mode damping, however, requires relatively lower rebound damping in
order to preserve the ride quality of the vehicle. The results further show an interesting
trend in the mean low velocity damping (0.5*C,+ 0.5*C,), which ranges from 0.4 to

0.45, for all values of &;. The transition velocity, where blow-off damping occurs, tends

to increase with increase in the compression damping ratio. The light compression mode
damping ratio (0.05) tends to converge to very high value of transition velocity resulting
in a single stage rebound damping (y; =1). The transition velocity, however, varies only
slightly from 0.166 to 0.193, when compression damping ratio varies from 0.10 to 0.20.
Furthermore, the optimal reduction factors are observed to lie within a narrow range of,
0.34 to 0.366, irrespective of the compression mode damping. It should be emphasized
that blow-off damping mostly relates to vibration isolation or ride quality. The results
suggest reduction in rebound damping through blow-off flows by nearly 1/3. The DLC

and rms acceleration response characteristics of the vehicle model are also investigated
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using four sets of optimal damping parameters and presented in Table 4.1. The results
reveal nearly similar values of DLC and overall rms acceleration, irrespective of the

compression mode damping ratio. The light compression mode damping (& ; = 005),

however, may yield significant resonant response under abrupt excitations.

Table 4.2 Comparison of DLC and rms acceleration of linear and optimal suspension
damping.

Linear Damper Optimal Damper %Reduction in DLC
& Rms acceleration

Road (| Speed | DLC | DLC [ RMS {DLC | DLC { RMS | DLC [ DLC | RMS
(Front) { (Rear) (Front) | (Rear) (Front) (Rear)

80 0.165 | 0.156 | 1.16 0.122 ] 0.138 ] 0.878 | 26.0% | 11.5% | 24.3%

Rough | 100 0.167 ] 0.196 | 1.03 0.129 ] 0.152 ] 0.901 | 22.7% | 22.5% | 12.5%

120 0.193 ]0.207 §1.204 |0.136 | 0.159 ] 0.93 29.5% | 23.1% | 22.7%

80 0.04 0.043 10.33 0.028 | 0.034 ] 0.206 | 30.0% | 20.9% } 37.5%

Smooth | 100 0.044 10.041 10.36 0.031 ]0.035 ]10.242 ] 29.5% | 14.2% | 32.7%

120 0.041 ]0.045 ] 0.346 ] 0.035 | 0.038 | 0.27 14.6% | 15.5% | 21.4%

The DLC and overall rms acceleration response of the vehicle model employing

linear suspension springs and optimal asymmetric damper (@i = 0.1) are compared with
those of the vehicle model with constant damped damping suspension (&i =01,
Bi =1.0, and Y= 1), as shown in Table 4.2. The response characteristics of the linear

and asymmetric suspension damping are compared for different road roughness and
vehicle speeds. The results clearly show that the DLC due to front and rear tire forces
reduce by 11.5% to 30%, when optimal asymmetric damping is introduced. The
corresponding reduction in the rms acceleration ranges from 12.5% to 37.5% in the speed
range considered in this study. The results suggest that asymmetric damping in highly
desirable to enhance both the road-and driver-friendliness of the vehicle. Furthermore, the

optimal asymmetric damping, derived under excitation from a rough road also yields
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considerable reduction in DLC and rms acceleration under smooth road excitations. The
optimal damping, however, yields most significant benefits near the high speed (120
km/h) under rough road excitations, and near low speed (80 km/h) under smooth road
excitations.

The response characteristics of the vehicle model with linear spring and optimal
asymmetric damping suspension, in terms of PSD of vertical and pitch acceleration, are

compared to those of a linearly damped suspension as shown in Figure 4.4. The results

are derived using the optimal suspension damping parameters: with gi =01, Bi =08,

and Y5 =0.34, and V;=0.166, while the linear damper parameter is selected as

g =0l.

The linear damping yields high magnitude vertical and pitch acceleration peaks
near the sprung and unsprung mass resonances, and considerably lower response at higher
frequencies above 13 Hz. The asymmetric damping effectively suppresses the resonant
peaks due to high rebound damping, and yields poor ride performance in the 2-8 Hz
frequency range, and at higher frequencies. The PSD of front and rear tire forces, shown
in Figure 4.5, also reveal similar influence. The results clearly show that the optimal
suspension damping reduces both the acceleration responses at the driver’s seat and the
tire forces in the vicinity of the resonant frequencies. The vertical acceleration and tire
force response characteristics of the optimally damped suspension, however, are slightly
higher than those of the linearly damped suspension in the 2-8 Hz frequency range. Since
the tire forces predominate in the vicinity of sprung and unsprung mass resonant
frequencies, an asymmetric damping is considered to be highly desirable for enhancement

of road-friendliness of the vehicle.

102



10

Vertical Accleration

—

o
=

0.01

[
(=]
—

Aggeleration PSD ((m/s/s)**2)/Hz

0.0001

0.1
Pitch Acc_leration

=

& 0.01

*

= A

i AN
£0.001 A I
£ v \I\P] .
= : i \
8 N

*a‘ e

S Vi
"8.0001 by

[>] %

<

Frequency (Hz)
0.00001 |
0 2 4 6 8 10 12 14 16 18 20

Figure 4.4 Comparison of Vertical and Pitch acceleration PSD response of linear spring
vehicle model with linear and optimal asymmetric damping.

103



100 . 1 T
Linear
...... Optimal
o FRONT AXLE
= 10
: .
g 1
] VoA
(-] )
Y [ DA
g ) TWRA Al
£l MRAVAI
2 o1 = ¥
- I v
Frequency|(Hz)
0.01
0 2 4 6 8 10 12 14 16 18 20

100 Linear
N
=
g 10
5
e
=
]
[~
—
2, |
)
=)
7
-

‘requen!cy (Hz)
0.1 .

0 2 4 6 8 10 12 14 16 18 20

Figure 4.5 Comparison of PSD tire loads of the linear spring vehicle model with linear
and optimal asymmetric damping.

104



44 OPTIMAL SUSPENSION DAMPING FOR NON LINEAR
LEAF SUSPENSION

Leaf spring suspension is a complex force-producing mechanism which may
exhibit varying levels of effective spring rate and hystersis, depending upon the loading
of the spring and the amplitude of the oscillation. Although the inter-layer friction
inherent within a leaf spring suspension yields considerable dissipaive properties,
additional light optimal viscous damping can further reduce the dynamic loads and
enhance the ride quality of the vehicle. The optimization problem, Equation (4.4), is thus
formulated to investigate the influence of additional suspension damping on the DLC and

rms acceleration of the vehicle model with front and rear leaf spring suspension.

C
li .
. =———=——; i= F, R (Front &Rear). 4.7
5 2K e (F ) 4.7)
Voeffi i
where K. (i= F, R) is the effective mean stiffens of the front and rear nonlinear leaf

suspension, and €, is the sprung mass supported by the suspension spring i.

4.4.1 Problem formulation and Optimization

A weighted optimization function comprising the dynamic load coefficient (DLC)

due to tire forces and the overall rms acceleration at the driver’s location is formulated, as

described in Equation (4.4). The design vector X comprises the asymmetric damper

parameters: compression mode damping ratio, éi; asymmetry constant, Bi; transition

velocity, Vg; and damping reduction factor, Y, as described in section 4.3.1. The

minimization problem is subject to limit constraints described is section 4.3.2.
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4.4.2 Results and Discussions

The coupled differential equations of motion for the non-linear vehicle model,
Equations (2.1), (2.6), (2.7) and (2.8), are solved for excitations arising from the rough
road in conjunction with minimization problem of Equation (4.4). The minimization is
performed for speeds ranging from 80-120 km/h and many different starting values. The
solution revealed convergence to nearly identical damper parameters for each selected

upper limit of the compression mode damping ratio.

Table 4.3 Optimal damping parameters for different compression mode damping ratios

of leaf suspension.
Compression Asymmetry Rebound Transition Reduction
Damping Constant Damping Velocity Factor
Ratio B, Ratio (B,§;) Vse) v,
0.05 5.0 0.25 * 1.0
0.1 3.0 0.3 * 1.0
0.15 1.7 0.255 0.5 0.432
0.2 1.1 0.22 0.3 0.30

The resulting optimal parameters, summarized in Table 4.3, show that the

asymmetry constant (B;,) decrease with increase in the compression damping ratio, as

observed earlier for the linear spring suspension. The transition velocity tends to

converge the upper limit for &, < 0.1which is considered as single stage rebound damping
(Y,=1). While the reduction factor, y,, decreases to 0.432 and 0.3, for §;=0.15 and 0.2,

respectively, the transition velocity (0.3-0.5 m/s) remains considerably higher than that
obtained for linear spring suspension. The rebound damping corresponding to bleed flows

approaches the to compression damping (B; =1) high compression damping ratio,
£,=0.2. The optimization results thus reveal optimal values of asymmetric constant
(1.0<B,<5.0), reduction factor (0.3<y, <1.0), and transition velocities (Vgg;) as high as

0.5 m/s. The low values of asymmetry constant and the rebound damping can be
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attributed to relatively high hysteretic damping of the multi-leaf spring suspension at low
velocities. The hysteretic properties yield high damping at low velocities and very light
damping at higher velocities. The leaf spring suspension thus requires relatively higher
damping under higher magnitude relative velocities. The minimization problem thus
converges to relatively higher values of the reduction factor, y;, and the transition
velocity, V. The vehicle model with four sets of optimal parameters was analyzed for
excitation arising from the rough roads. The results revealed nearly similar values of DLC
and overall rms acceleration, irrespective of the compression mode damping ratio. The
DLC and overall rms acceleration response of the vehicle model with optimal asymmetric

damper (&; =01, B,= 3.0, y,=1) are compared with those of the vehicle model
employing a typical hydraulic shock absorber, whose parameters were identified in the

laboratory, as discussed in section 2.3.3. (Compression damping = 1941.0 Ns/m, Bi=8.0
and v i =0.4).

Table 4.4 Comparison of DLC and rms acceleration response of truck model with leaf
spring suspension, and typical and optimal suspension damping.

Typical Damper Optimal Damper %Reduction in
DLC&Rms aceleration
Road | Speed | DLC DLC RMS | DLC DLC RMS | DLC DLC RMS
(Front) | (Rear) (Front) | (Rear) (Front) | (Rear)

80 0.112 ] 0.15 0.85 0.11 0.14 0.78 2% 6.7% | 8.23%

Rough | 100 0.123 10.195 ]0.87 0.12 0.16 0.83 2.5% |17.9% | 4.6%

120 0.134 | 0.20 0.9 0.130 | 0.17 0.86 3.0% |17.5% | 4.4%

80 0.047 |]0.044 |0.32 0.032 | 0.04 0.26 31.9% | 9.0% | 17.8%

Smooth | 100 0.054 ]0.042 ]0.39 0.034 10.040 ]0.28 37.1% | 4.8% | 28%

120 0.054 ]0.042 | 0.40 0.034 ] 0.039 | 0.29 37.0% | 7.2% | 27.5%

The response characteristics of the linear and asymmetric suspension damping are

compared for different road roughness and vehicle speeds. The results illustrated in Table
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4.4 clearly show that the DLC due to front and rear tire forces reduce by 2% to 37.1%.
The corresponding reduction in the rms acceleration ranges from 4.4% to 28% in the
speed range considered in this study. The results further show that the DLC due to
heavily loaded rear axle tires traversing a rough road reduces considerably with optimal
asymmetric damping. The optimal damping, however, yields only small reduction in
DLC front axle tire force due to relatively light load on the axle and high friction. The
over all rms acceleration response of the sprung mass of the vehicle, traversing the rough
road at high speeds, reduces only by 4.4 to 4.6%. The vehicle response under excitations
arising from a smooth road reveals considerable reduction in the overall rms acceleration
and DLC due to front axle tires. This reduction is most likely due to lower magnitudes of
resonant response of the sprung and unsprung masses.

The PSD of vertical and pitch acceleration response of the sprung mass of the
vehicle model with optimally damped leaf suspension are compared with those of the
vehicle model employed a typical damper parameters, as shown in Figure [4.6]. The PSD
of dynamic tire force response are also compared, as shown in Figure [4.7].

The results show that the optimal suspension damping reduces both the
acceleration responses at the driver’s seat and the tire forces in the vicinity of the resonant
frequencies. The vertical acceleration and tire force response characteristics of the vehicle
model with typical damper used in this study, however are slightly lower that those of the
model with optimally damped suspension in the 2-8 Hz frequency range. The PSD of
dynamic tire forces of the optimally damped suspension in the vicinity of un-sprung mass

resonant frequencies are also lower than those obtained with the typical damper.
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4.5 OPTIMAL DAMPING FOR NON-LINEAR AIR SUSPENSION
Although, air suspensions offer improved ride and tire road performance, their
low inherent friction and relatively low natural frequencies operation requires adequate
damping to control the excessive resonant vibration induced by the tire-road interactions.
The four-DOF vehicle model incorporating non-linear force deflection the characteristics
of front leaf-spring suspension and the rear air suspension are analyzed in conjunction
with the optimization problem. of Equation (4.3). The minimization problem is solved for

different values of damping ratio of the asymmetric damper, expressed in Equation (4.5),

derive the optimal design vector X = { B, ¥;, Vsg;}» subject to following limit constraints:

0.0<¢&; <£0.05, 0.10, 0.15, 0.20;

1.0<B; £20.0;

0=V_ <05 mJs, :
002V, . <0.5 m/s (4.8)

where i =R. Optimization of the rear air suspension damper alone is performed, while
optimal damping parameters, which were determined earlier, used for the front leaf
suspension.

The upper limit of the asymmetry constant, B; in Equation (4.8), is relaxed to 20

in order to allow for the solution to converge towards relatively higher values.
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4.5.3 Results and Discussions

The coupled differential equations of motion for the non-linear vehicle model are
solved for excitations arising from the randomly rough road at speeds ranging from 80-
120 km/h. The response characteristics are presented in terms of DLC of the tire forces
and the overall rms acceleration response at the driver’s location. The DLC and the
acceleration response characteristics of the vehicle model with optimal damping are
compared with those of model employing typical damper to demonstrate the potential
benefit of the optimal suspension dampers. A total of four optimal solutions are obtained
corresponding to different values of compression damping ratio, ranging from 0.05 to

0.20.

Table 4.5 Optimal damping parameters for different compression mode damping ratios
of rear air suspension.

Compression Asymmetry Rebound Transition Reduction
Damping Constant Damping Velocity Factor
Ratio (B, Ratio (B.£,) (Vszi) (7:)

0.05 17.2 0.92 * 1.0

0.1 11.87 1.18 0.17 0.44

0.15 7.89 1.18 0.192 0.47

0.2 5.4 1.08 0.197 0.56

The optimal solution, summarized in Table 4.5, show that the asymmetry constant ([3,)

decreases with increase in the compression damping ratio, as observed for the linear and
leaf suspension vehicle models. The transition velocity, tends to converge to a very high

value for light compression damping (&;,= 0.05), resulting in a single stage rebound
damping (y,=1). The transition velocity, however, converge in the 0.17 to 0.197 m/s

range for (&;= 0.10). The optimal values of Vg, similar to those obtained for the linear
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spring suspension, and considerably lower than those for the leaf spring suspension. The
DLC and rms acceleration response characteristics of the vehicle model were investigated
using four sets of optimal damping parameters. The results revealed nearly similar values
of DLC and overall rms acceleration, irrespective of the compression mode damping
ratio. The DLC and rms acceleration response of the vehicle model with optimal
asymmetric damper (&, =0.1, By= 11.87, y,=0.44, Vs = 0.17) are compared with
those of the vehicle model with the typical damping parameters. The response
characteristics of the linear and asymmetric suspension damping are compared for
different road roughness and vehicle speeds. The results show that the DLC due to rear

tire forces reduce by 26% 41%. The corresponding reduction in the rms acceleration

ranges from 27% to 46%.

Table 4.6 Comparison of DLC and rms acceleration of typical and optimal suspension
damping.

Typical Damper Optimal Damper % Reduction in DLC
& Rms acceleration

DLC DLC RMS DLC DLC RMS DLC DLC RMS
Road Sp eed (Front) { (Rear) (Front) (Rear) (Front) (Rear)
80 0.11 §0.18 1.02 j0.11 ]0.133}10.7 2% 26% | 27%

Rough | 100 0.12 10.23 |1.05 }10.12 ]0.152]10.79 ]12.5% |34% |25%

120 0.13 10.24 |1.08 J0.13 J0.16 |0.82 }3.0% | 33% | 24%

80 0.05 ]0.053 |]0.38 ]0.032 ]0.03810.25 [32% |28% | 34%

Smooth | 100 0.05 ]0.057 1047 ]0.024 10.04 10.26 |37% |29% | 44%

120 0.05 ]0.063 ]10.5 0.034 ] 0.037 1 0.27 |37% [41% | 46%

The response characteristics, in terms of PSD of vertical and pitch acceleration of
the vehicle model with optimal damped suspension are compared to with those of the
vehicle model with the typical damper, as shown in Figure 4.8. The dynamic tire forces

(Rear axle) of the vehicle with optimal and typical damping are also compared, as shown
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in Figure 4.9. The results show that the optimal suspension damping reduces both the
acceleration responses at the driver’s seat and the tire forces in the vicinity of the sprung
and unsprung mass resonant frequencies. The wheel hop frequency of rear unsprung mass
is lower than those of linear and leaf suspensions due to lower stiffness of air suspension.
The vertical acceleration and tire force response characteristics of the identified damped
suspension parameters, however are slightly higher that those of the linearly damped
suspension in the 2-8 Hz frequency range. The PSD of dynamic tire forces of the
optimally damped suspension in the vicinity of unsprung mass resonant frequencies are

also lower than those obtained from identified damped suspension parameters.

4.7 COMBINED EFFECT OF OPTIMAL DAMPING AND
OPTIMAL ABSORBER

The influence of optimal damping and optimal absorber on the dynamic tire loads
and ride is investigated for the linear, leaf-leaf (front and rear leaf suspension) and leaf-air
(front leaf and rear suspension) suspension of the truck. Results show that optimal
absorbers added to the optimal damping can further yield considerable reduction in
dynamic loads in the wheel hop frequency ranges.

Table 4.7 Combined effect of optimal damping and optimal absorber on DLC and rms
acceleration of linear truck suspension.

Optimal Damping & Optimal % Reduction relative to
Absorber Optimal damping and no
absorber
Road Speed DLC DLC RMS DLC DLC RMS
(Front) (Rear) (Front) (Rear)
80 0.11 0.124 0.87 9.83% 10.0% 0.34%
Rough 100 0.122 0.143 0.89 5.42% 5.9% 1.1%
120 0.124 0.143 0.92 8.8% 10.0% 1.0%
80 0.024 0.031 0.205 11.11% | 5.8% 0.5%
Smooth 100 0.029 0.032 0.24 6.45% 8.5% 0.82%
120 0.032 0.034 0.26 8.57% 10.5% 3.7%
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Table 4.8 Combined effect of optimal damping and optimal absorber on DLC and rms
acceleration of leaf-leaf truck suspension.

Optimal Damping & Optimal

% Reduction relative to

Absorber Optimal damping and no
absorber
Road Speed DLC DLC RMS DLC DLC RMS
(Front) | (Rear) (Front) | (Rear)

80 0.102 0.124 0.76 9.0% 11.42% | 2.5%

Rough 100 0.115 0.145 0.81 8.3% 9.4% 2.4%
120 0.120 0.154 0.84 7.7% 6.6% 2.32%
80 0.03 0.036 0.26 6.25% 10.0% 1.14%

Smooth 100 0.031 0.037 0.27 8.8% 7.5% 3.5%

120 0.031 0.036 0.26 8.82% 7.6% 3.4%

Table 4.9 Combined effect of optimal damping and optimal absorber on DL.C and rms
acceleration of leaf-air truck suspension.

Optimal Damping & Optimal

% Reduction relative to

Absorber Optimal damping and no
absorber
Road Speed DLC DLC RMS DLC DLC RMS
(Front) | (Front) (Front) | (Rear)
80 0.10 0.124 0.74 9.0% 6.75% 0.13%
Rough 100 0.11 0.14 0.78 8.3% 7.8% 1.26%
120 0.120 0.13 0.82 7.6% 12.5% 0.0%
80 0.031 0.037 0.24 6.25% 2.63% 4.0%
Smooth 100 0.022 0.036 0.25 8.3% 5.26% 3.6%
120 0.032 0.036 0.261 8.82% 7.6% 3.4%

Tables 4.7, 4.8 and 4.9 show DLC and rms values of linear, leaf-leaf and leaf-air

with optimal damping and optimal absorber respectively. Above tables also show

comparison of percentage reduction in DLC and rms values when compared to optimal

damping with no absorber. The results show that there is a considerable reduction in DLC

in the range of 5.42% - 11.1% and a slight reduction in rms values for the linear

suspension of truck compared to optimal damping with no absorber. Truck with the leaf-
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leaf suspension a reduction in DLC due to combined effect found to be in the range of
6.25% to 11.42% compared to optimal suspension damping. Results also show a
considerable enhancement of road friendliness and a decrease in DLC from 5.26 - 9.0%
for leaf-air suspension of truck due to optimal damping and optimal absorber. Since the
absorber can have influence only on wheel hop frequencies ranges, percentage reduction

in rms values is not very significant with optimal absorber.

48 SUMMARY

An analogy between the DLC and vehicle ride quality related to overall rms
acceleration is established through analysis of simplified vertical dynamic model of a
vehicle. A weighted optimization function comprising DLC and overall rms acceleration
at driver’s location is formulated to derive optimal suspension damping for the linear and
non linear suspension of a truck. The optimization problem is solved to derive optimal
parameters of the asymmetric dampers. The effectiveness of the optimal damper is
demonstrated by comparing its DLC and acceleration response with those of a typical
damper. The additional benefits of an axle vibration absorber in improving the road-and

driver-friendliness of the vehicle are further demonstrated.
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CHAPTERSS

CONCLUSIONS AND
RECOMMENDATIONS FOR FUTURE WORK

5.1 HIGHLIGHTS OF THE STUDY

Although most studies on dynamic tire loads have investigated the significant role
of suspension springs in enhancing the tire loads, only few studies have investigated the
role of suspension damping. The influence of suspension damping as the ride
performance of vehicles, however, has been extensively investigated. The reported
studies, however, are mostly limited to linear damping. In this thesis, the performance
potentials of optimal asymmetric of suspension damping and dynamic axle vibration
absorber to enhance the ride quality and reduce the tire induced road damage, are
analytically investigated. An analogy between the dynamic wheel loads (road-
friendliness) and ride quality (driver-friendliness) performance characteristics of heavy
vehicles is established through analysis of a simplified vehicle model. In view of the
direct analogy between the driver-and road-friendliness, it is proposed that both
performance characteristics can be enhanced through optimal suspension damping and a
tuned dynamic vibration absorber. The highlights of the investigation and findings are

described below:

o Development of a representative vehicle model
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An in-plane model of a three axle truck is formulated to study its interactions with
the road in terms of vertical tire loads transmitted to the road, and vertical
acceleration transmitted to the driver station, assuming negligible contributions
due to roll dynamics of the vehicle. Two closely spaced rear axles are grouped
together and represented by a single composite axle. The vehicle body, chassis
and cargo are characterized by a rigid sprung mass with two degrees of freedom:
vertical and pitch. The front and composite rear wheel and axle assemblies are
represented by rigid masses with only vertical degree-of freedom (DOF). Each
unsprung mass is coupled to the sprung mass through the respective suspension
components, modeled as parallel combinations of either linear of nonlinear energy
restoring and dissipative elements. The tire terrain interactions are represented by
the linear force-deflection properties of tires assuming point contact with
undeformable road. The vehicle models employing different suspension is

analyzed for stochastic excitation arising from rough and smooth roads.

o Identification of non linear suspension components

The force-deflection and force-velocity characteristics of suspension components
are identified from the reported studies and laboratory measurements. Analytical
models of nonlinear leaf and air springs, and dampers are derived and validated

using the available data.

o Analogy between the dynamic wheel loads and ride quality
An analogy between the dynamic wheel loads and ride quality performance

characteristics of heavy vehicles is established through analysis of linear quarter-
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vehicle model. From the results it is proposed that the suspension damping
considered adequate for improved ride quality can lead to enhanced road
friendliness of the vehicle. The results further demonstrated the existence of

optimal damping for both performance measures; tires loads and ride quality.

e Effectiveness of optimal dynamic axle vibration absorbers

Enhancement of road friendliness of heavy vehicles is analytical investigated
using a concept of dynamic vibration absorber, tuned to the resonant frequencies
of the unsprung masses of the vehicle model. A parametric study is performed to
analyze the influence of frequency ratio, damping ratio and mass ratio of the
absorber on the tire loads and the acceleration response for deterministic and

stochastic excitations at tire-road interface.

o Optimal asymmetric damping to enhance ride and road friendliness

A performance criterion comprising dynamic load coefficient due to tires on
different axles and overall rms acceleration transmitted to the driver station is
formulated. The nonlinear vehicle models are solved in conjunction with the
objective function for excitations arising from a rough road and different speeds,
ranging from 80-120 km/h. The effect of optimal asymmetric damping
parameters, derived from the solution of the optimization problem, on the DLC
and the ride quality are evaluated through analysis of the vehicle model with

linear and non linear suspension stiffness.

Combined effect of optimal damping and absorber

121



The combined effect of optimal suspension damping and axle vibration absorber
on the dynamic loads and ride is investigated through analysis of the 6-DOF
vehicle model employing linear, and nonlinear suspensions under varying
operating condition. It is proposed that addition of optimal axle absorbers to the
optimally damped suspension can further yield considerable reduction in dynamic
loads in the wheel hop frequency range without effecting the ride quality
associated with the whole-body vibration at frequencies in the vicinity of human

body resonance.

5.2 CONCLUSIONS OF THE INVESTIGATION

The conclusions drawn from the investigation are summarized in the following

sections.

5.2.1 Development of the vehicle model

¢ An in-plane vehicle model describing the vehicle-road interactions associated with
vertical and pitch modes of vibration can yield significant insight into road-and
driver-friendliness performance characteristics.

e Since the dynamic wheel loads and the ride quality are related to vehicle vibration
modes, a vehicle model formulated to study the tire-road interactions can also be used
to evaluate its ride dynamics.

e The ride and tire-load performance of the vehicle is strongly effected by the hysteresis
of the leaf spring and dynamics of the trailing arm configuration of air springs.

Nonlinear hysteretic models of the leaf suspensions and kinematic and dynamic
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model of the air springs and linkages are thus extremely vital for development of an
effective vehicle model.

The force-deflection properties of a multi-leaf spring can be characterized by a linear
envelope function and an exponential function, while those of an air bag can be

approximated by an isothermal process.

5.2.2 Dynamic axle vibration absorber

The dynamic wheel loads tend to predominate in the vicinity of bounce mode

resonant frequencies of the sprung and unsprung masses. A dynamic vibration absorber is

most effective in a narrow frequency band around its uncoupled natural frequency. A

lightweight dynamic vibration absorber tuned to the resonant frequency of the unsprung

mass can be used to reduce the dynamic wheel loads. The effectiveness of the absorber,

however, is dependent upon the tuning of the absorber parameters. Parametric study and

design optimization is performed to derive parameters of an effective axle absorber. From

the results, the following conclusions are drawn:

The effectiveness of an axle absorber is strongly influenced by its non-dimensional
tuning parameters ( mass ratio, frequency ratio and damping ratio).

A dynamic vibration absorber, tuned to the wheel hop frequency, does not affect the
whole-body vehicle vibration transmitted to the driver in the important ride
frequencies.

While a dynamic vibration absorber, tuned to the low sprung mass bounce resonant
frequency, may be considered impractical due to its large mass, an axle absorber can

be conveniently implemented with minimal effect on the payload capacity.
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A dynamic axle vibration absorber with uncoupled damping ratio of 0.14, frequency
ratio of 0.85, and mass ratio of 0.1 provides optimal performance in reducing the
magnitudes of dynamic loads in the vicinity of wheel hop frequencies.

An optimal axle dynamic vibration absorber can yield a reduction in DLC ranging
from 11.5% to 20.93% for excitation arising from a rough road, while the reduction is

3.3% to 9.85% for the smooth road, in the 80-120 km/h speed range.

5.2.3 Analogy between the dynamic wheel loads and ride quality

An analogy between the dynamic wheel loads and ride quality performance

characteristics of heavy vehicles is established through analysis of a linear quarter-vehicle

model in order to illustrate the potential benefit of optimal damping in conjunction with

different suspension springs used in heavy vehicles. The results of the study revealed the

following:

The suspension damping influences the ride quality and the tire loads in a similar
manner;

An increase in suspension damping ratio beyond 0.15 yields only minimal further
reduction in DLC, and higher damping tends to deteriorate the ride quality at
frequencies in the vicinity of the human body resonance;

Suspension dampers with asymmetric damping properties in compression and
rebound can effectively reduce the magnitude of tire forces while preserving the ride
response;

The optimal asymmetric damping can provide considerable reduction in both the

overall rms acceleration and the DLC due to tire forces.
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5.2.4 Optimal suspension damping

The constrained optimization problem, comprising DLC and overall rms

acceleration at the driver’s seat, was solved in conjunction with the four-DOF linear and

nonlinear vehicle models to determine optimal asymmetric damping parameters. The

optimization problem was solved for excitations arising from a rough road over a speed

range of 80-120 km/h. From the results of the study, the following conclusions are drawn:

The solution of the optimization problem for linear suspension revealed that the
rebound mode damping ratio near 0.8 is desirable to achieve improved road
friendliness and ride quality, when the compression damping ratio is selected in the
0.1 to 0.2 range. The transition velocity, ranging from 0.166 to 0.193 m/s, and the
high-speed rebound damping reduction factor ranging from 0.34 to 0.366, are
desirable to enhance the road-and driver-friendliness of the vehicle.

The veﬁicle models employing optimally damped vehicle suspension resulted in
11.5% to 30% reduction in DLC, and 12.5% to 37.5% reduction in overall rms

acceleration, depending upon the vehicle speed and the road roughness.

The desirable rebound damping ratio for the leaf suspension is 0.3 for the
compression mode damping ratio of 0.1. Results show that the existence of inherent
Coulomb damping in the leaf suspension requires light compression mode damping.
Damping ratios below 0.1 tend to converge to high values of transition velocity
resulting in a single stage rebound damping. The results further show that an

optimally damped Leaf spring suspension can lead to reduction in the tire forces,
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ranging from 2% to 37.1%. The corresponding reduction in the overall rms
acceleration range from 4.4% 28.0% in the speed range considered in this study.

The solution of the optimization problem for air suspension revealed that the rebound
mode damping ratio near 1.18 is desirable to achieve improved road friendliness and
ride quality, when the compression damping ratio is selected in the 0.1 to 0.2 range.
While the transition velocity and high-speed lies in a similar range (0.17 to 0.197
m/s), the rebound damping reduction factor is considerably lesser (0.44 to 0.56) than
that obtained for the leaf spring. The optimally damped air suspension resulted in
reduction in DLC in the 24.0% to 41% range, and in rms acceleration in the 24% to
46% range, depending upon the vehicle speed and road roughness.

An optimal axle vibration absorber combined with an optimally damped linear spring
suspension can yield further reduction, ranging from 5.42% - 10.5%, in DLC. The
corresponding reductions for the leaf-leaf and leaf-air suspension are obtained as

6.6% to 11.42%, and 5.26 - 12.5%, respectively.

RECOMMENDATIONS FOR FUTURE WORK

The present research work yields significant insight into the effects of optimal

suspension damping and dynamic vibration absorber on the dynamic tire loads and ride

dynamics response characteristics of a heavy vehicle. Although the study clearly

demonstrates the high potential benefits of the proposed concepts, following further

systematic investigation need to be undertaken to fully realize the benefits.

The articulated freight vehicles with excessive gross vehicle weight transmit

considerably large dynamic loads to the pavements. It is thus recommended to
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investigate the potential performance benefits of the axle vibration absorber and
optimal asymmetric damper for such vehicles, using the methodology proposed in
this dissertation.

The potential performance benefits of the proposed concepts need to be explored
through laboratory or field investigation. The analytical model, validated using the
field data, can be employed to derive the optimal damper parameters. The design or
selection of damper values then must be carried out to realize the optimal damping.
Further studies may be undertaken to explore different vibration absorbers to suppress
the axle vibrations over a wide frequency band. The concept in semi-active vibration
absorbers may be further explored.

It is further recommended to develop more comprehensive models of different
configurations of air suspensions incorporating hysteresis due to the air bag,
polytropic compression/ expansion of the air, and the elastic properties of the

bushings.
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