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Abstract

Increasingly stringent pollutant and CO2 emission standards are
inducing the car manufacturers to investigate innovative solutions to
further improve fuel economy of their fleets. Some of these solutions
focus on the vehicle/engine interaction, such as the powertrain
electrification, while other techniques directly address thermal
efficiency improvements of the engine.

Among them, concerning the spark-ignition engines, an extremely
lean combustion shows the potential to reduce the noxious emission
and the fuel consumption. However, this approach involves some
special challenges, such as ensuring sufficient combustion stability
and realizing a new efficient exhaust aftertreatment system, since
application of standard three-way catalysts is no longer an option.

A pre-chamber ignition system represents an interesting solution to
overcome the combustion stability issue and simultaneously further
improve the thermal efficiency. Especially for an active system, with
direct fuel introduction into the pre-chamber, a favorable air/fuel
mixture ignitability and an adequate combustion speed can be
obtained, even with very lean mixtures.

In this work, the combustion characteristics of an active pre-chamber
system were investigated with a single-cylinder Sl research engine.
Conventional gasoline fuel was injected into the main chamber, while
the pre-chamber was fed with compressed natural gas. In a first stage,
an experimental campaign was carried out at various speeds, spark
timings and air-fuel ratios. Global engine operating parameters as
well as pressure traces, inside the main combustion chamber and the
pre-chamber, were recorded and analyzed.

Using the experimental data, a phenomenological model of this
unconventional combustion system with divided combustion
chambers has been developed and validated. The model was then
implemented in a 1D code. The proposed numerical approach shows
the ability to simulate the experimental data with good accuracy
using a fixed constant tuning set. The model can correctly describe
the behavior of a pre-chamber combustion system under different
operating conditions and it is capable to capture the physics behind
such innovative combustion system concept.

Introduction

The problem of atmospheric air pollution, caused by the Internal
Combustion Engines (ICEs), has never been greater than today. Car
manufacturers, driven by more and more stringent legislations, are
continuously forced to find proper technical solutions to deal with
this issue, without giving up to high-standard engine performance.
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The worldwide diffusion of pure electric or Fuel Cell vehicles is a
possible scenario, which is also related to the availability of
electricity or hydrogen, both produced from renewable energy
sources [1,2].

Nevertheless, ICEs are expected to still remain the core component of
automotive propulsion systems in the years to come. A wider
diffusion of Hybrid Electric Vehicles (HEVs) is also awaited, since
they represent the most promising short-term solution to afford next
CO:2 emission standards. Further efforts however still need to be
focused on the efficiency and pollution improvement of future ICEs,
in the medium-long term.

Various solutions for efficiency improvement have already been
proposed during last years. Concerning Spark-Ignition (SI) engines,
high efficiency downsized and VVVA engines [3] have been
introduced on the market. Additional benefits are expected from
advanced anti-knock measures, as variable compression ratio [4],
cooled Exhaust Gas Recirculation (EGR) [5], and water injection [6].

A further step on engine efficiency improvement can be obtained by
a very lean air/fuel mixture [7], which is very beneficial also for
noxious emission reduction [8]. Improved fuel consumption mainly
derives from reduced heat losses and improved knock resistance. A
lean mixture, furthermore, leads to significantly decreased NOx
emission, due to a lower burned gas temperature. If neatly burned, an
extremely lean air/fuel mixture also guarantees the practical absence
of CO and HC emissions.

However, common SI-ICEs can only work in a narrow range of
excess of air, reducing the real benefit of this technique. Excess-air
must be limited to maintain efficient mixture ignitability and high
combustion stability. Over a certain dilution, indeed, combustion
speed is extremely reduced, leading to unacceptable cyclic variability
and misfire. HC-CO formation moreover rapidly increases [9,10].

The employment of a Pre-Chamber (PC), characterized by a small
volume (usually 1%-5% of the clearance volume) and connected with
the Main-Chamber (MC) through one or more orifice, can
significantly extend the lean burn limit, respect to a conventional Sl
engine [11,12]. In such system, the combustion process starts at the
spark plug located in the pre-chamber. Due to the pressure increment,
a turbulent jet of hot gases penetrates the main-chamber, increases
the turbulence, and ignites the lean mixture on multiple sites. As a
consequence, the burn rate enhances, improving the combustion
stability even for extremely lean mixtures.

In a passive system, unburned air/fuel mixture, at the same excess-air
of the main chamber, is pushed inside the pre-chamber during the
compression stroke. Alternatively, an additional injector can be
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located in the pre-chamber (active system) to directly control the
local air/fuel ratio. The former solution has the advantage of a low
cost and engineering simplicity. The latter is particularly attractive
due to the possibility to further extend the lean limit, with still
reasonable cyclic variations [11,12,13].

Nowadays, various experimental activities have been reported in the
current literature, showing the potentiality of an active pre-chamber
in reducing the NOx emissions, extending the lean limit and
improving thermal efficiency [14,15]. To get better mixture
formation in an active pre-chamber, gaseous fuels, such as methane
[16] and hydrogen [17], or vaporized gasoline [18] have been widely
investigated. However, considering the vehicle infrastructure of
passenger cars, the liquid gasoline injection into the pre-chamber
remains the most suitable option, although some risk of a not-perfect
mixture formation and the related soot emissions must be faced.

Numerical studies are also available in the literature, aiming at the
development and optimization of a pre-chamber ignition system.
Analyses are mainly based on the employment of 3D CFD codes,
which appear to be the most suitable approach to well-describe the
interaction between combustion, chemical kinetics, and turbulence
[19,20,21]. Due to the complexity of involved phenomena and to
CPU time requirements, available 3D results are usually limited to a
reduced number of operating points.

In the authors’ knowledge, a predictive phenomenological model,
trying to describe the basic physics behind a divided-chamber engine,
is still missing in the current literature. Some preliminary approaches
are being developed only in recent years. In [22], turbulent (K-k-g)
and heat transfer models have been proposed for a passive pre-
chamber. They are able to reproduce with accuracy 3D reference
results, in terms of pressure traces and related turbulence variables.
However, the study is limited to the analysis of the compression
stroke, due to the absence of a coupling with a combustion model.
Differently, in [23], a Wiebe function is imposed to describe the
combustion processes in both the chambers, while the heat transfer is
evaluated by an authors’ correlation. The model is validated trough a
comparison with the pressure trace in the main-chamber in a single
operating condition. The main drawback is the need to impose a heat
release rate derived from experiments, losing the predictive capability
of the model.

In this work, indeed, a more comprehensive quasi-dimensional
modeling framework is developed, where all basic phenomena
occurring in an active PC engine are modeled, such as mixture
preparation, turbulence evolution, flame area enhancement, burn rate
development, etc. The present research is supported by a European
H2020 project (EAGLE: https://h2020-eagle.eu/), having the
objective of investigating and developing this novel engine
architecture for a HEV, by integrated experimental and numerical
activities.

The paper is organized as follows: firstly, the experimental setup and
tests of the examined Single Cylinder Engine (SCE) will be briefly
described. The SCE is equipped with an active pre-chamber fueled
with Compressed Natural Gas (CNG), while liquid gasoline is
directly injected in the main-chamber. Subsequently, the quasi-
dimensional model for a divided chamber engine will be presented in
detail, with focus on the combustion description. Finally, the model
will be validated against the experimental results, in terms of pressure
traces, combustion development and overall performance. From the
experimental campaign, 13 representative operating points have been
selected with the aim to assess model sensitivity to the engine speed
and relative air/fuel ratio (1) variations.
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Experimental setup and tests

The experimental testing was conducted on a homogeneously
operated, direct injection, research SCE at the Institute for
Combustion Engines (VKA) of the RWTH Aachen University. The
existing base engine features high peak pressure capability, external
boosting up to 4 bar and a realization of variable compression ratios
by different piston designs. For the investigations of the EAGLE
project, a new top-end has been designed. The main engine
specifications are listed in Table 1.

Table 1.Engine main features.

Pre-chamber engine

Bore, mm 75
Stroke, mm 90.5
Stroke / Bore Ratio 1.206
Displacement, cm® 399
Peak pressure capability, bar 170

Geometrical compression ratio 13

Injection system Lateral solenoid, 350 bar
Fuel in main-chamber Dl injector, gasoline RON 98
Fuel in pre-chamber Dl injector, CNG

Pre-chamber volume mm?3 ~ 1000
Vpre—chamber / VTDC ~3%
Pre-chamber holes 4 - two pairs of different hole size

A'et holes / Vpre—chambery Cm-l ~0.03

The long stroke of 90.5 mm and the arrangement of the valves,
combined with the intake port and the combustion chamber shape,
generate a charge motion level, which is comparable to state-of-the-
art turbocharged engines. Figure 1 shows the SCE engine design. The
engine has been operated with a Direct Injection (DI) system at 350
bar and is equipped with a CFD-optimized 4-hole pre-chamber,
Figure 1d. The layout process and further results of this pre-chamber
have been presented in [14].

gnon— ~—~~mnmn

Nl

Figure 1. Research engine layout: a) sectional view of cylinder head b)
combustion chamber dome c) piston crown for CR=13, d) pre-chamber.

The pressure measurements were carried out as follows:

= for the cylinder, two Kistler A6045 B pressure transducers were
employed, flush-mounted in the combustion chamber side roof;

= for the pre-chamber, one Kistler 6054 BR pressure transducer
was employed flush mounted in the pre-chamber volume;
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= sampling was performed via Kistler charge amplifiers and a
FEV combustion analysis system at a resolution of 0.1 CAD;

= for the dynamic intake and exhaust gas pressures, the Kistler
4045 A5 pressure transducers were chosen, with a sampling
resolution of 1 CAD.

In total, 500 consecutive cycles were collected. An average of these
cycles has been considered for the comparison with the model.
Measurements of static pressures and temperatures were performed
by conventional pressure transducers and thermocouples during an
averaging interval of 30 s. Oil and water conditioning systems
allowed for steady-state operations.

For all results shown, the engine was operated under the same Spark
Advance (SA) strategy. A preliminary SA sweep has shown that the
commonly used combustion phasing (MFBso timing at 7-8 CAD
AFTDC) is also the optimum for engine efficiency at ultra-lean
operating conditions with the presented pre-chamber. Therefore, the
spark advance was set for optimal MFBso, if there was no knocking
limitation which required a retarded ignition timing.

The intake air was conditioned to 30 °C in the intake runner. The
pressure upstream of the throttle flap and in the exhaust manifold was
controlled to 1.01 bar during throttled operation. For boosted
operation, the pressure in the exhaust system was set equal to the
pressure in the intake manifold. The relative air-fuel ratio of the
exhaust gas was derived according to the formula of Spindt [24].

For model development and validation, 13 representative cases, listed
in Table 2, are selected from the overall experimental campaign.
Three different A sweeps at constant load are chosen at various
engine speeds. In this way, the model predictive capability will be
checked by varying the mixture composition from stoichiometric to
very lean, with different turbulence levels. From the MFBso values
listed in the table, it is evident that almost all cases are knock-limited.

Table 2. List of investigated operating points

Case | OPeratingcondition | CAD A,
pm @ AFTDC AFTDC
1 1.0 149 332
2 14 6.8 256
3 2000 pm @ 15bar | 1.8 34 16.7
4 2.0 75 142
5 24 | 172 9.8
6 1.0 58 236
7 14 03 203
8 3000 rpm @ 13bar | 1.8 | -122 9.1
9 20 | -16.9 7.8
10 22 | -210 7.8
11 1.0 114 337
12 | 4000 rpm @ 16bar | 1.4 57 322
13 16 23 352

Engine model description

Mass exchange between pre-chamber and main-chamber — The
tested engine architecture is geometrically schematized as two Zero
Dimensional (0D) volumes, connected by an orifice. The PC volume
is described as a cylinder having the same (constant) volume of the
real device. It is connected to the variable volume of the MC through
an orifice, having the same equivalent cross-section of the real four-
hole geometry. A constant discharge coefficient is selected to
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describe flow losses in the passage. Mass and energy equations are
solved in both volumes and a classical filling-emptying approach is
applied to compute mass exchange between them, based on the
pressure difference, orifice area and discharge coefficient.
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Figure 2. Mass evolution of the unburned and burned gases in the PC and MC.

Figure 2 highlights the mass evolution in both PC and MC, together
with their unburned and burned contributions, along the combustion
progress. The total mass in the PC increases during the compression
stroke, while the corresponding mass in the MC slightly decreases.
The overall mass inside the cylinder, computed as the sum of PC and
MC contents, is also reported in thick black line, to verify its
conservation during the closed valve period (no blow-by).

Another issue concerns the composition of mass exchange between
PC and MC. Since liquid gasoline is injected in the MC during the
intake stroke, it is likely that during the compression stroke liquid
particles still survive, and the vapor fuel is not homogeneously
distributed in the MC, yet. This implies that the mixture pushed
inside the pre-chamber is mainly composed of air, rather than reflect
the global A level, especially at the beginning of the compression
stroke. The model hence controls the composition of the incoming
flux, also depending on the fuel evaporation rate and injection timing.
In this way, a more accurate evaluation of A inside the pre-chamber is
foreseen.
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Figure 3.Instantaneous mass flow rate through the PC orifice.

Another assumption is introduced in the PC-MC mass exchange
modeling: during the combustion process in the PC, it is expected
that unburned gases firstly flow into the main chamber, while burned



gases arrive later, when the burning process in the PC goes towards
its completion. Figure 3 better explains this model assumption by
plotting the instantaneous mass flow rates through the orifice during
the PC combustion. Burned gas flow rate (red dashed line) is only
due to the presence of residuals in the PC, before the spark event.
Unburned flux from PC to MC, usually characterized by a richer
air/fuel composition, is able to enhance the very first phase of the
burning process in the MC.

Burn-rate expression — The estimation of the burning rate in both
PC and MC is, by all means, the most critical issue in the model. The
starting point for combustion description is a quasi-dimensional
fractal model, developed by the authors over last ten years [25]. The
latter is based on a two-zone (burned and unburned) schematization,
sensing both the combustion system geometry and the operating
parameters. With reference to a standard Sl engine, and according to
the considered fractal approach, the burning rate can be written as:

dm LV
d_tb:puALST =puArSL =puALSL%:puALSL (ﬁ} @)
u being the unburned gas density, AL and At the area of the laminar
and turbulent flame fronts, S. and St the laminar and turbulent flame
speeds. Lmax and Lmin are indeed the length scales of the maximum
and minimum flame wrinkling, respectively, and Ds the fractal
dimension. Ds is expressed through an empirical correlation as a
function of the u "/ S. ratio, u ” being the turbulence intensity. Eq. (1)
is applied to either pre- and main-chamber, but a very different
description of AL, St, Lmax, Lmin and «” is specified.

Before discussing the combustion model details, it is important to
underline that the theoretical background of the fractal model is based
on the combustion regime occurring in a Sl engine, falling in the
wrinkled-corrugated flamelets domain. This may be not the case for
the MC combustion process, since the laminar flame speed is low,
due to the diluted mixture. As a consequence, the combustion regime
moves toward the thickened wrinkled flamelets, where the thickness
of the flame reaction zone may become larger than micro-eddies of
Kolmogorov size, and Karlovitz number may assume values greater
than unity. In a passive system, moreover, low flame speeds and
reduced length scales substantially modify the combustion regime in
the pre-chamber, too [13]. A stoichiometric combustion in the pre-
chamber indeed most likely occurs in the conventional wrinkled-
corrugated flamelets domain. In the light of these observations, the
soundness of the theoretical basis of the fractal approach has to be
case-by-case verified.

Turbulence — The estimation of Lmax, Lmin and «” is based on a in-
house developed turbulence sub-model [26]. It belongs to the K-k
family, and, in its latest version [27], also includes a balance equation
for the tumble angular momentum. The model describes the energy
cascade from the mean flow kinetic energy, K, to the turbulent kinetic
energy, k, taking directly into account inlet and outlet mass flow rates
through the valves. The turbulence sub-model is applied to both
chambers and is here further extended to describe the turbulence
production in the pre-chamber, induced by the incoming flow through
the orifice along the compression stroke. Similarly, an additional
turbulence production is considered in the main-chamber, as a
consequence of the turbulent jets occurring when the burning process
develops in the pre-chamber. A further source term is finally
considered, to handle the intense turbulence production generated by
the fuel injection in the pre-chamber. No ordered motions are
presently modeled in the PC.
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Following a well-assessed hierarchical 1D-3D approach [26], the
tuning constants of turbulence sub-model are selected in order to fit
the 3D-derived turbulent intensity profiles in both volumes. To this
aim, preliminary 3D CFD analyses are carried out in motored
conditions on the SCE engine at VKA. Figure 4 reports a comparison
between the turbulence intensity computed by the 0D model and the
one resulting from the mass-averaged turbulence intensity field in the
3D model, at each crank angle. The agreement is very satisfactory in
the MC (continuous red line) during intake and compression phases,
and in particular, close to the firing TDC, where the typical
turbulence speed-up, due to the collapse of the tumble motion,
occurs. Concerning the pre-chamber, 3D analysis provided data just
before the FTDC. The PC turbulence (dashed red line) smoothly
increases during the compression stroke, as a consequence of the
incoming flow from the main volume. The PC turbulence peak is in
good agreement with 3D outcomes. The 0D trend in the PC clearly
highlights a turbulence increase at the BDC, where PC injection takes
place. Moreover, looking at the zoomed view in Figure 4, two
additional turbulence peaks are predicted by the 0D model. The first
one, referring to the MC, is due to the turbulent jet coming from the
PC, occurring towards the completion of the in-PC combustion. The
second one, referring to the PC, verifies when the combustion takes
place in the MC, and a reversed pressure difference induces once
again an incoming flow inside the PC. Both these peaks are not
visible in 3D data, since motored conditions have been considered.

25
" — MC — 3D 2000 rpm
= --=- PC — 0D
€ 204
>
[
§ 15
£
8 10
c
9
=}
2 5 . :
s : f
(= O
0
-360 -180 FTDC 180 360

Crank Angle, CAD

Figure 4. 0D/3D comparison of turbulence intensity in PC and MC.

Laminar flame area — For AL estimation in Eq. (1), the classical
assumption of a smooth spherically-shaped surface, centered on the
spark-plug, can be adopted only for the pre-chamber. The
corresponding flame area can be hence straightforwardly computed
as the intersections between a sphere and the pre-chamber, which can
be roughly schematized with a cylinder. In the main-chamber, indeed,
the flame area development is much more complicated, since both a
radial and an axial flame development is expected along each
turbulent jet. Under the hypothesis of symmetrical jets, and assuming
that the flame area mainly develops when turbulent jets have almost
dissipated their initial kinetic energy [28], a simplified flame area
assessment can be attempted. Following this idea, a fictitious ignition
site is located along each turbulent jet in a mid-span position between
the orifice and the cylinder walls. From each ignition site, spherical
flames develop during time, until they intersect each other and with
the combustion chamber walls. They finally collapse and fill the
whole main-chamber volume. The above procedure is graphically
explained in Figure 5, depicting the flame development in both the
pre-chamber (in blue) and main-chamber (in red) during time.



With the above simplified schematization, it is possible to estimate
the overall flame area, as a function of the radius for each single
sphere, as displayed in Figure 6. Compared with a standard engine
having the same displacement (no pre-chamber and with a centered
spark plug), the overall flame area largely increases during the first
combustion period. Initially, the flames propagating from each
ignition site do not intersect each other. Later, indeed, the flame area
rapidly decreases, due to flame-to-flame and flame-to-wall collisions.
Figure 7 also reports the computed PC flame area.

Figure 5. Frontal and upper view of a simplified schematization of the flame
development in the PC and MC.
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Figure 6. Laminar flame area comparison between a standard a divided-
chamber engine against the flame radius.

While the PC flame area profile in Figure 6 is unique, since it does
not depend on piston position, the one in main-chamber varies with
the crank-angle. A look-up table can be however created once for a
specified geometry, collecting flame areas in the MC at each piston
position. The table is read at run-time, providing the time evolution
of AL to be included in Eqg. (1). Typical trends of PC and MC laminar
flame areas as function of the crank angle are depicted in Figure 7.
Here, it is well evident that the burning process in the MC starts later
than the one in the PC. The combustion start in the MC is predicted
according to the flame radius in the PC. As soon as it overcomes a
critical value, proportional to the PC cylinder height, the MC
combustion is activated. A tuning constant is added to refine this
critical value, in order to more precisely set the MC combustion start.

Laminar flame speed — For S estimation in Eq. (1), two
correlations are utilized. For the main-chamber, where a RON98
gasoline is injected, a correlation developed within the EAGLE
project at IFPEN is employed. It was built by using the kinetic
scheme proposed in [29] and a TRF gasoline blend with the addition
of ethanol. Although not of interest in the present study, the above
correlation is also suitable for H2-boosted combustions.
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Since CNG fuel is injected in the pre-chamber, an additional laminar
flame speed correlation is employed. The one proposed in [30] is
coded in the model. However, it must be considered that, due to the
mass exchanges, some vapor gasoline is also present in the pre-
chamber and some methane may escape the pre-chamber during the
injection, flowing into the main-chamber. For this reason, the
employed correlation for pure gasoline and methane does not
perfectly hold for the actual operation of this engine. However, a
flame speed correlation for a gasoline-methane blend is not available
at this stage of the research, and, in the following, the presence of
pure gasoline and methane is assumed in the MC and PC,
respectively.
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Figure 7. Laminar flame area for the PC and MC against the crank angle.

Turbulent flame speed — From eq. (1), it is easy to derive an
expression for the turbulent flame speed, as:

L D;-2
S; =S, [%} 2

min

In such an engine, the flame propagation in the MC, especially during
the first stage, is also dependent on turbulent jet velocity [31]. As
already pointed out, moreover, the richer air/fuel mixture escaping
the PC during early combustion progress is expected to enhance the
first phase of the burning progress in the main-chamber. In order to
include these dependencies in the model, a modified flame speed
estimation is proposed. First, a velocity scale inside the PC, vp, is
computed, based on the instantaneous mass flow rate through the
orifice, the axial PC area and a tunable scale factor, xv. This velocity
increases during the PC combustion, reaches a maximum value,
Vp,max, and then rapidly falls, becoming negative when the MC
combustion takes place. The jet tip in the MC, which is assumed to
scale with velocity in the pre-chamber, is indeed expected to still
propagate with a relaxing velocity, vip. This last is assumed to decay
because of the shear resistance arising from the interaction of the jet
with unburned mixture in the MC. It is estimated by Eq. (3),
imposing a decay in a characteristic time scale, 7, assigned as a model
constant:

Viip =Vpmax€ " (3)

An overall turbulent flame speed, Stov, is then estimated by
combining the S, derived from Eq. (2), with the relaxed tip velocity:

ST,ov = maX(ST » Viip ) 4)



The latter is finally introduced in the modified burning rate
expression:

dm,
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Figure 8. Characteristic velocities for overall turbulent flame speed
estimation.

In Figure 8, representative velocities vp, viip, St and St,ov are depicted
to better explain the model logic. It is evident that the flame speed
correction is only active during the first part of the combustion
progress in the main-chamber. The delay, A, between SA in the pre-
chamber and first St and St,ov estimation in the MC corresponds to
time required by the flame to travel within the PC.

SACI regime — Before assessing the approach accuracy, another
model feature is here introduced. Figure 9 reports the experimental
pressure cycle in both pre- and main- chambers, obtained in Case #4.
The in-cylinder pressure is also processed to derive the related burn
rate. Looking at its shape, it is well evident a burn rate increase
phased with the maximum pressure in the PC. At this time, the
turbulent jets are entering the MC, with a fast initial MC burn rate,
confirming the assumptions behind the previously discussed
expression of the overall flame speed, Stov. Later during the process,
the experimental burn rate continuously increases, determining a
change of concavity in the pressure cycle. This behavior resembles
the burn rate profiles occurring in a Spark-Assisted Compression-
Ignition (SACI) combustion regime [32]. In this regime, the presence
of intermediate species ahead of the flame, together with the release
of some heat in the unburned zone (cool flames), is responsible for
flame acceleration. This specific burn rate shape has been detected in
different operating conditions, and particularly at high load and very
lean mixture, coupled with high intake boosting. Recalling the
experimental MFBso values listed in Table 2, it seems reasonable that
the engine is operating at the boundary between a deflagration regime
and a spontaneous ignition front regime. In the former, the reaction
front locally propagates at the laminar flame speed, while in the
latter, the apparent propagation of the reaction is much higher, since
it results from a cascade of ignition events [33].

To model these two distinct phases, the thermodynamic state in the
unburned gas zone is computed considering the heat release arising
from auto-ignition reactions. As done for some refined knock
modeling, a chemical kinetic scheme is solved at each crank angle in
the unburned zone. The kinetic scheme adopted here was developed
by Andrae et al. [34] and modified to also add NO and ethanol
oxidation sub-mechanisms. The overall scheme, constituted by 5
elements, 185 species and 937 reactions, is solved with reference to a
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four-component gasoline surrogate, including iso-octane, n-heptane,
toluene and ethanol. The mole fractions of the components in the fuel
surrogate are chosen to mimic an oxygenated European gasoline. The
above methodology allows to estimate an increased unburned gas
zone temperature, depending on the activation of low- and high-
temperature auto-ignition reactions. The enhanced unburned
temperature is finally utilized in the laminar flame speed correlation.
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Figure 9. Experimental in-cylinder pressure cycle and burn rate at 2000 rpm,
15 bar IMEP and A=1.0.

Figure 10 puts into evidence that the laminar flame speed in the MC,
red line, starting from very low values due to the mixture dilution,
during time rapidly increases when auto-ignition reactions in the
unburned zone are considered to mimic the SACI regime. Flame
speeds higher than 2 m/s are estimated, attaining levels which were
theoretically predicted in some studies [32,33] about the SACI
combustion regimes.
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Figure 10. Laminar flame speed in the MC (w/ and w/o SACI regime) and PC.

Correspondingly, the estimated burn rate and pressure cycle in Figure
11 move towards the related experimental data, otherwise a very poor
agreement is obtained. Results show that the updated relation for
turbulent flame speed, Eq. (4), is able to qualitatively reproduce the
initial knee of the burn rate. It then sharply increases few crank
angles later than measurements. The disagreement can be attributed
to some problems in the prediction of temperature levels ahead of the
flame, which, in turn, can be related to inaccuracies of the heat
exchange sub-model, or due to the presence of some temperature
stratification in the unburned gas, which cannot be taken into account
in a 0D model. In any case, the obtained results seem to confirm that
a quasi-SACI regime is actually occurring in the tested engine.



Additional verifications about the combustion modelling concern the
combustion characteristic angles (MFBo-10and MFB1o-90 in Figure 16)
and the pressure peaks (level and phasing in Figure 17) inside the

pre-chamber and main-chamber.

140
— MC Exp
120 -{---- PC
= 100 - w/ SACI
K] Py
" #Case 4 "
g 80 15par R wio SACI 2
= V Q
@ eo-i?ﬁ%fpm 150 5,
o = 125 £
o 40 — 100 o
75 &
20 50 X
— 25 g
0 T | T 0 m

-90 -45 FTDC 45 90

Crank Angle, CAD

Figure 11. Experimental/numerical comparison of in-cylinder pressure cycle
and burn rate at 2000 rpm, 15 bar IMEP, A=2.0 w/ and w/o SACI regime.

Model Tuning — The described quasi-dimensional model requires, as
usual, some tuning. The original version of the fractal combustion
model, suitable for a standard SI engine, includes 3 tuning constants.
They act respectively on the flame wrinkling extent, on the transition
between an initially-laminar and a fully-turbulent combustion, and on
the combustion tail. The present pre-chamber version adds some
more constants to adjust the overall turbulent flame speed and the
MC combustion start. The model tuning is carried out to reproduce as
good as possible the pressure traces in both PC and MC, partly
following a methodology reported in previous works of the authors
[35], and partly through a trial-and-error procedure. One single set of
tuning constants has been determined by this procedure and it has
been used for all the operating points simulated.

Engine model validation

The model is validated through numerical/experimental comparisons
in the 13 operating points listed in Table 2. Three engine speeds are
considered, namely 2000, 3000 and 4000 rpm, and A values between
1.0 and 2.4. To get the maximum numerical/experimental
congruence, the same boundary conditions as the experiments have
been assigned in the simulations, which are the spark timing, intake
and exhaust pressure and temperature, and mass of injected gasoline
and CNG.

The first stage of the model validation is focused on the global engine
performance. The IMEP values, as depicted in the right side of Figure
12, are quite correctly predicted, although a certain systematic model
overestimation is evident. This is probably due to an underprediction
of the heat losses. The same kind of disagreement, in Figure 12 on
the left, characterizes the engine efficiency trend. The model well
detects the improvement of the engine efficiency when X increases.

The model capability in reproducing the air flow rate is shown in
Figure 13. The satisfactory agreement demonstrates an accurate
schematization of the intake and exhaust pipe geometry and a proper
specification of the valve flow coefficients. A certain
underestimation, up to 2-3 g/s, is visible, especially at growing A
values. An additional confirmation of the correct geometrical model
schematization is shown in Figure 14, which shows the
numerical/experimental comparison of the PC pressure profiles in a
representative operating condition. The model demonstrates to
correctly describe the local pressure peak induced by the PC
injection, and the amplitude and frequency of the oscillation during
the exhaust phase. Since the spark advance is imposed in the
simulations, the combustion model reliability is performed by the
numerical/experimental comparison of the MFBso values (Figure 15).
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Figure 12. Numerical/experimental normalized indicated efficiency (a) and
IMEP (b) assessment for different air/fuel ratios and engine speeds.
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Figure 13. Numerical/experimental air flow rate assessment for different
air/fuel ratios and engine speeds.
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Figure 14. Experimental/numerical comparison of in-cylinder low pressure
cycles at 2000 rpm, 15 bar IMEP, 2=2.0.



50 As pointed out in Figure 15, at least for 2000 and 3000 rpm, the

— Exp experimental MFBsp is advanced when the mixture is leaned,

40 — ---- Model according to the spark timing selection reported in Table 2. The
possibility of optimizing the combustion phasing is due to the lower
knock propensity of leaner mixtures. This also partially explains the
engine efficiency increase for higher A, shown in Figure 12 left. The
model reproduces the experimental MFBso trends with a very
satisfactory accuracy for all the considered speeds and A levels.

MFB,,, CAD

To better analyze the combustion evolution, the
= 2000 rpm numerical/experimental comparisons of MFBo-10and MFB10-g0 can be
0 —1 43000 rpm observed (Figure 16). Differently from a conventional engine,
4000 rpm characterized by a consistent combustion lengthening at rising
-10 T T T T T T T relative air/fuel ratios, here this behavior is much less evident. The
09 11 13 15 17 19 21 23 25 combustion duration (MFBu1o-90) is in fact almost insensitive to the
. . . mixture quality, excepting at 4000 rpm. At this speed more critical
Relative Air/Fuel Ratio, - knock conditions occur and a very delayed MFBso is established
whichever is the A (Table 2 and Figure 15). Consequently, the
combustion develops during the expansion stroke and long burn
durations verify.

Figure 15. Numerical/experimental MFBs, assessment for different air/fuel
ratios and engine speeds.
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Figure 17. Numerical/experimental comparison of pressure peaks and related
locations in the MC and PC for different air/fuel ratios and engine speeds.
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Figure 18. Experimental/numerical comparison of in-cylinder pressure cycle
and burn rate at 2000 rpm, 15 bar IMEP, (a) 2=1.0, (b) A=1.8, (c) A=2.4.
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Figure 19. Experimental/numerical comparison of in-cylinder pressure cycle
and burn rate at 3000 rpm, 13 bar IMEP, (a) A=1.0, (b) A=1.8, (c) A=2.2.

The correct combustion description reflects on the peak pressure
prediction, depicted in Figure 17 on the left. The observed peak
pressure increases at mixture leaning is due to the need of boosting to
maintain the same engine load. The model also well forecasts the
peak pressure position, as shown on the right side of Figure 17.

A further insight in the model reliability is proved by the
numerical/experimental comparisons of the in-cylinder pressure
cycles and of the related burn rates for A sweeps at 2000, 3000 and
4000, high load, depicted in Figure 18, Figure 19 and Figure 20,
respectively. The measured MC pressure cycles are represented by
continuous black lines, while the correspondent PC traces with
dashed black ones. The red lines (continuous and dashed) refer to the
numerical outcomes. The figures highlight that, on one hand, the
mixture leaning allows to advance the spark, but on the other hand,
an increased boosting is necessary to maintain the load, as underlined
by the pressure level during the compression phases. The agreement
between numerical/experimental pressure trends is quite satisfying, in
terms of global shape, timing and peak levels in both MC and PC.
Moreover, the model correctly describes the increasing PC/MC
pressure difference at growing engine speed, thanks to a proper
selection of the orifice discharge coefficient. Model consistency to
handle very lean conditions is related to the introduction in the model
of the description of the SACI combustion mode.
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Figure 20. Experimental/numerical comparison of in-cylinder pressure cycle
and burn rate at 4000 rpm, 16 bar IMEP, (a) A=1.0, (b) 2=1.4, (c) A=1.6.

This is stressed in the operating points with A values higher than 1.8,
as shown in Figure 18c and Figure 19b-c. The model is able to
perceive and reproduce this occurrence, not present in both
experimental data and numerical outcomes for lower A levels. These
results can be considered an indirect confirmation of the modelling
assumptions about the SACI combustion regime.
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Figure 21. Borghi diagram of computed combustion regime in the MC at
MFBs, for various A values.



As a final check, the combustion regime is evaluated at the MFBso
crank-angle in the MC, for most of the analyzed operating conditions
(Figure 21). As expected, at high excess-air the combustion regime
moves towards the thick reaction zone, as a consequence of the
reduced laminar flame speed. The same does not happen at the
leanest A of 2.4, since the presence of a quasi-SACI regime is
responsible for a relevant flame acceleration (Figure 10 and Figure
18). Most of the analyzed conditions, however, still lie close to the
conventional ICE regime, which justifies the adoption of the
proposed fractal model.

Conclusions

In this work, a quasi-dimensional model for a Sl engine, equipped
with an active pre-chamber is presented and validated by a detailed
numerical/experimental assessment. Experiments are carried out at
the VKA of the RWTH Aachen University, in a single-cylinder
divided-chamber engine, fueled with CNG in the pre-chamber and
liquid gasoline in the main-chamber. Among the collected data, 13
representative operating points are selected, characterized by
different engine speeds and A values up to 2.4, at constant load. The
modelling approach for the description of the basic phenomena
occurring in the active pre-chamber engine arises from a fractal
combustion model developed by the authors in the last years for
conventional SI engines. Both turbulence and combustion sub-models
are modified to handle a divided chamber engine architecture. The
turbulence and the burn rate enhancement due to burned gas jets is
considered in the updated model. Moreover, a new formulation for
the estimation of the laminar area in the MC is proposed, based on
the development of multiple flames centered in fictitious ignition
sites. Another key feature of the model is the attempt to describe a
SACI combustion regime likely occurring at very lean conditions. To
this aim, a laminar flame speed enhancement is introduced, promoted
by the activation of low-temperature auto-ignition reactions in the
unburned gas.

The above model is embedded in a 1D code and is verified against
the experimental pressure traces in both PC and MC. Global engine
performance is also compared with measurements. The model proves
a good capability in predicting the air flow rate, efficiency and IMEP,
even for very lean mixtures. Concerning the pressure traces and the
related burn rate profiles, the agreement between numerical and
experimental data is satisfactory. The model consistency is finally
verified checking the combustion regime on the Borghi diagram. It is
not worthless to underline that the presented numerical results are
obtained without modifying the tuning constants of the model. This is
not obvious, considering the variations of the engine speed, mainly
perceived by the turbulence sub-model, and of the mixture quality,
principally taken into account by the laminar flame speed correlation.
A high model reliability is hence demonstrated in considering the
physics behind such complex and still not completely understood
combustion modality. The model prediction of NOx emission will be
verified against the experimental data in future activities.
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Acronyms
0D-1D-3D  Zero-One-Three-dimensional
AFTDC After firing top dead center
BDC Bottom dead center
CAD Crank angle degree
CFD Computational fluid dynamics
CNG Compressed natural gas
DI Direct injection
EGR Exhaust gas recirculation
HEV Hybrid electric vehicle
FTDC Firing top dead center
ICE Internal combustion engine
IMEP Indicated mean effective pressure
MC Main-chamber
MFB Mass fraction burned
PC Pre-chamber
RON Research Octane Number
SA Spark advance
SACI Spark assisted compression-ignition
SCE Single cylinder engine
Si Spark ignition
TRF Toluene reference fuel
Symbols
AL, At Laminar / turbulent flame area
Da Damkdéhler number
k Turbulent kinetic energy
K Mean flow kinetic energy
Ka Karlovitz number
Lmin, Lmax Minimum / maximum flame front wrinkling scale
Lt Turbulence integral length scale
m Mass
St, St Laminar / turbulent flame speed
Stov Overall turbulent flame speed
t Time
u’ Turbulence intensity
Vp, Vp,max Velocity scale in pre-chamber and related max value
Viip Velocity of jet tip in main-chamber
Xv Velocity scale multiplier
Greeks
& Dissipation rate
y Relative air/fuel ratio
p Density
T Characteristic time delay for velocity jet tip
& Flame thickness
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Subscripts b Burned
u Unburned

10/50/90  Referring to 10 / 50 / 90% of mass fraction burned

Page 12 of 12



