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Dmytro FEDIN?, Boris VINOGRADOV?

MECHANICAL SYSTEM DYNAMICS OF TUMBLING MILL DRIVES
UNDER STEADY-STATE OPERATION

Summary. In tumbling mill drives, increased dynamic loads may occur in open
gearing, which may cause an increase in the vibratory activity of the drive
assembly and in dynamic loads in the mechanical drive system as a whole.

Today, no adequate method is available for calculating the dynamic loads in the
open gearing of tumbling mills. The article is devoted to the development of a
method for dynamic load calculation, which takes into account the parameters of
the drive system. The authors have proposed a mathematical model and a
technique that allows for the identification of dynamic loads from experimental
data and controlling the vibratory activity of the mechanical drive system of a
tumbling mill at the design stage.
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1. INTRODUCTION

Operational experience has shown that significant dynamic loads can occur in the
mechanical system of a tumbling mill drive. Certain types of mills, e.g., MRG 5500x7500,
exhibit increased vibratory activity of the drive gear assembly, although the vibratory activity
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of other type mills is much lower. The cause of the dynamic loads has so far not been
scientifically explained, which indicates that no reliable method is available to calculate the
load capacity of the open gearings of tumbling mills. The purpose of this study is to develop a
technique for an identification of dynamic loads in the open gearings of tumbling mills and in
the mechanical drive system as a whole, and for predicting vibrational activity in the drive
assemblies of tumbling mills.

2. ANALYTICAL REVIEW
2.1. Experimental data

Fig. 1la shows an oscillogram of the shaft torque during the start-up and steady-state
operation of the MRG 5500x7500 tumbling mill with a drive equipped with an SDMZ 2-21-
64-40 UCH synchronous motor (3,150 kW, gear speed: 150 rpm).
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Fig. 1. Oscillogram of the mill start-up: a) MRG 5500x7500;
b) MSHTS 5500x6500; Me; - electromagnetic torque; w - rotational speed; My -
nominal torque

Fig. 1 shows that torque oscillations occur in the shaft line under steady-state operation,
with a triple rotational speed of the drive gear, while the magnitude of torsion vibrations is
1.58 times the static moment. The non-dampening nature of the vibrations indicates that these
are forced vibrations. Fig. 1b shows the oscillogram of the shaft torque during the start-up and
steady-state operation of the MSHTS 5500x6500 tumbling mill with a drive equipped with a
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4,000-kW SDM3-2-24-59-80 U4 synchronous motor (gear speed: 75 rpm). As can be seen in
Fig. 1b, the magnitude of the dynamic component of the torque during the period of steady

motion is no more than 2% of the nominal torque.
Fig. 2 shows the results for bending stresses in the MRG 5500x7500 mill gear teeth under

a static load and a load under steady-state operation. As can be seen in Fig. 2, the dynamic
loads in the teeth are generated under steady-state operation. As a result, the tooth stresses are
2.2-4.1 times higher than under a static load.
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Fig. 2. Bending stress at the tooth root of the pinion of an MRG 5500x7500 tumbling mill:
a) static load; b) steady-state operation; ot - stress at tooth root

2.2. Calculation techniques

In calculating the load capacity of a gearing, the dynamic loads caused by the impacts from
the periodic toothing are taken into account by dynamic factor ky, which in turn takes into
account the influence of inaccuracy in the gear mesh manufacture and installation.

To identify the dynamic processes in the gearing, the standards applied to perform a load
capacity analysis for the gearings [1] consider a partial oscillatory system consisting of the
reduced mass of the pinion and gear wheel, which are connected flexibly with the stiffness
that is equal to the gear mesh stiffness. The calculation of dynamic loads is based on an
empirical relationship, which considers the influence of the base pitch deviations and wheel
teeth profile modifications on the dynamic load, depending on the rotational speed.

According to I1SO 6336-1-1996 (Method B) [2], factor Ky-g, which takes into account the
internal dynamic loads, is calculated as:

Kz'—E' =1+ N?‘Kl (1)

where Nr is the “resonance ratio” that considers the ratio of the gear rotational speed to the
resonance speed of the gearing, and K is the dynamic factor.
The resonance speed of the gear rotation is:

—
30 :

n, =-— llﬂ, (2)
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where ¢y, is the torsional stiffness of the gearing, N-m, and Jnp is the equivalent moment of
the gearing inertia, kg - m2. Then the resonance ratio is:
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where n is the rotational speed of the gear, s™.
For the pre-resonance range of the gear rotational speeds:

r = -3

N.<N (4)

where Ns is the lower limit of the resonance range, equal to 0.85, when the specific load is:

584 > 100N/mm. (5)
b

When condition (5) is satisfied, the dynamic factor is calculated according to the empirical
relationship:

K =c, B, +c,B; +c,3B, (6)

where Cy, Cy2, Cy3, are the non-dimensional empirical factors, when taking into account the
deviations in the base pitch and wheel tooth profile, and the influence of cyclic variations in
the gearing mesh stiffness, respectively. Meanwhile, B,, Br, B« are the non-dimensional
parameters that take into account the effects of the base pitch deviations and wheel tooth
profile modifications on the dynamic loads:
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where ¢’ is the specific stiffness of a tooth pair, N/mm - um, fon, fra are the effective values of
the base pitch and tooth profile deviations, respectively, in um, and C, is the tip relief, in pm.

The results from calculating the Ky.g factor, which considers the internal dynamic loads,
according to the standard [2], are presented in Tab. 1.

Tab. 1
Basic gearing parameters of the MRG 5500x7500 and MSHTH 5500x6500 tumbling mills
Mill model
Description MSHTH
MRG 5500x7500 5500x6500

Engine power N [kW] 3150 4000

Tooth module m, [mm] 25 25
Number of gear teeth z 25 46

Helix angle 3 [°] 6 6

Gear speed n [rpm] 150 75

Gear speed (motor) n [rpm] 150 75
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Gear ratio 10.1 5.5
Face width b [mm] 900 1000
Accuracy class 8 8
Dynamic factor Ky.g 11 1.1

It should be noted that a malfunction in the mechanical system can create excitation with a
frequency close to one of the base natural frequencies in the system. The resonance vibrations
that arise under such conditions result in a load that exceeds the nominal one. In compliance
with the standard [3], in such cases, it is necessary to perform vibration analysis of the entire
mechanical system, including the connected masses of parts, connection stiffness, the
conditions for fixing the parts, and possible sources of excitation. It is necessary to calculate
the natural frequencies, the vibration modes and the amplitude-frequency response of the
system, which should serve as the basis for the evaluation of the effects on the gearing load
capacity [4].

3. RESULTS AND DISCUSSION
3.1. Mathematical model

The open gearing of the tumbling mill, together with the shafts and the connected masses
of the mechanical drive, is a single elastic system. When investigating the internal dynamics
of a gear set, one can reduce the problem to the consideration of the motion of a mechanical
system consisting of a finite number of lumped masses, with elastic connections subject to the
kinematic error of the gear wheel.
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Fig. 3. Kinematic diagram of the mechanical drive system of a tumbling mill

Fig. 3 shows the kinematic diagram of a mechanical system consisting of a synchronous
motor (1), a shaft (2) with an elastic coupling (3), a drive gear (4), the pinion of an auxiliary
drive (5), the supports of a drive gear (6), and a gear ring (7) rigidly mounted on a mill drum
(8) based on the supports (9).
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Fig. 4 shows an equivalent dynamic scheme of the mechanical drive system, where: 11 is
the moment of inertia of the synchronous motor rotor; I> is the equivalent moment of inertia
of the shaft and coupling of the drive and auxiliary gear; Is is the moment of inertia of the
gear and drum; m is the mass of the drive assembly performing vertical vibrations; Cot, C12, C23
are the torsional stiffness of the motor, shafting with an elastic coupling, and gear mesh; ¢z is
the transverse stiffness of the drive assembly; @1, @2, p3 are the angles of rotation of the
corresponding localized masses; and x is a displacement of the gear in the vertical plane.

The system of equations describing the forced vibrations of the mechanical drive system of
a tumbling mill, relative to an equilibrium position, with allowance for damping the
vibrations, takes the form:

L") = —epo oo, —@) —pe'y,

Le'", = —cpy(@ — @) + 35 (fP: — @3 — ;E,_ ﬁ(t]) — 'y, (10)
I¢"3 = —csq (fpg —¢, — T+ ﬁ(l‘)) — o'y,
mx" = —¢,x + %(cpa — @y — j—i— &(t)) — px',

where u is the equivalent viscous resistance coefficient, as calculated by the following
formula:

o
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-
Zmil,

p= (11)

where ¥ is the vibrational energy dissipation coefficient, which takes the values of 0.3-0.5,
and o is the resonance frequency equal to one of the natural frequencies of the system.
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Fig. 4. Dynamic design model for the mechanical drive system of a tumbling mill
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In Expression (1), the factor K takes into account the influence of the kinematic excitation
magnitude on the dynamic load in the gear set, and the parameter Ny is the ratio of the force to
the natural vibration frequencies. In the proposed model, all these factors are determined by
the magnitude of the kinematic excitation, which, for the open gearing of the tumbling mill,
can be presented in the form:

A(t) = Sgysinp,t + Sy sinp_t, (12)

where: dpn, ops are the amplitudes of the low-frequency and high-frequency component of
the kinematic error, respectively, in rad; pr=3w1 is the circular frequency of the low-
frequency component of the excitation, ¢c*; and p,=zn1z1/30 is the circular frequency of the
high-frequency component of the excitation, equal to the tooth meshing frequency, ¢

This approach to the determination of the dynamic loads on the gearing may be laborious
as, in this case, the kinematic excitation magnitudes Jdpn and odps need to be obtained
beforehand. The magnitude of the low-frequency component dpn can be determined by the
selection of its values when solving the system of equations (10), such that the magnitude of
the forced vibrations in the mechanical system of the gear drive ought to coincide with the
value observed experimentally. Knowing the full dynamic load on the gearing and its low-
frequency component, the magnitude of the high-frequency excitation dpg can be determined
using the superposition principle.

3.2. Calculation technique and results

Tab. 2 presents the main dynamic parameters of the open gearing of the MRG 5500x7500
tumbling mill. Figs. 5- 6 show the results from calculating the dynamic component of the
torque in the mechanical system of the gear drive under the effect of the low-frequency and
high-frequency components of the kinematic excitation separately.

Tab. 2.
Basic dynamic parameters of the mechanical system of the gear drive in the tumbling mills
Value
Parameter MSHTS
MRG 5500x7500 5500%6500

Equivalent moment of inertia of the 19.3-10° 250.0-10°
rotor 11 [kg * m?]
Equivalent moment of inertia of the 1.5-103 1.5-10°
drive gear I [kg-m?]
Equivalent mass of the pinion shaft 9.0-103 9.0-10°
m [kg]
Equivalent moment of inertia of the 19.3-10° 250.0-10°
drum 15 [kg-m?]
Torsional stiffness of the 2.0-107 13.5-107
electromagnetic field of the motor
Co1 [N-m]
Torsional stiffness of shafting C12 2.2-107 1.8-107
[N-m]
Gearing stiffness C23 [N-m] 6.2-108 6.2-108
Linear stiffness of the pinion shaft 35.0-10° 35.0-10°
and supports Co [N-m]
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The analysis of the time dependencies of the torque allows for the determination of the
dynamic factor as the ratio of the total torque to its nominal value:

MIIDJHI — 1 _|_ M,ELHH

K', = :
v Miom Miom (13)

where Mpon IS the total torque acting on the gear set, M., is the nominal torque value, and
Maqin is the dynamic component of the torque acting on the gear set.
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Fig. 5. Calculation results for the forced vibrations in the MRG 5500x7500 tumbling mill
under steady-state operation: a) on the shaft; b) in the gear mesh at excitation frequency pr=3.
2m1

The results obtained from the system of equations (10) under the influence of a low-
frequency component of the kinematic excitation showed that, due to the low inertia of the
gear and other masses of the drive assembly, low-frequency vibrations are transmitted
throughout the entire mechanical drive system (Fig. 5). The excitation magnitude, at which
the calculated and experimental values of the shaft dynamic factor Kn=1.58 coincide, is
r-6pn=0.2 mm. High-frequency vibrations only significantly affect the dynamics of the gear
mesh and drive assembly (Fig. 6).

The total dynamic load in the gearing caused by the low-frequency and high-frequency
components of the kinematic excitation takes the value 2.2-4.1, depending on a combination
of meshing tooth pairs. Applying the superposition principle, we can write:

KL‘ = KHK.E’ (14)
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where Ky is the dynamic factor due to the action of a low-frequency component of the
kinematic excitation, and Kg is the dynamic factor due to the action of a high-frequency
component of the kinematic excitation.
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Fig. 6. Calculation results for the forced vibrations in the MGG 55007500 mill in the
steady-state operating mode: a) on the shaft; b) in the gear mesh at the excitation frequency
pz=7m121/30

By knowing the total- and low-frequency components of the kinematic excitation, we
obtain:
Ky =2 =219_ 559
Ky 1,58 (15)

The solution of the system of equations (10) shows that the calculated and experimental
values of the dynamic factor in the gearing K\,'=2.59 coincide when the magnitude of
excitation »5¢=0.2 mm (Fig. 6).

4. CONCLUSIONS

Thus, it can be concluded that differential equations of motion used for calculating the
dynamics of the mechanical drive system of an open gearing of a tumbling mill under steady-
state operation should take into account the kinematic excitation of vibrations in the gearing.
In this case, the fundamental harmonics of the excitation spectrum are those with frequencies
3.2'w and z'w, Where o is the angular velocity of the drive gear rotation and z is the number
of gear teeth.
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In the first approximation, the magnitude of the high-frequency and low-frequency

excitation may be equal to 0.2 mm. To further refine the model, it is necessary to
experimentally determine the dependence of the kinematic excitation magnitude on tooth

wear.
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