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dimensions, and they only differ in channel length and geometry. Noticeable differences in efficiency are observed. Two different
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pressure losses in a curved duct and in an impeller passage behave similarly is suggested and found inadequate.
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1. Introduction

In this paper, a hypothesis to design an impeller flow passage
for a centrifugal compressor is tested. The theoretical basis
of the hypothesis is presented, the equations derived, and
the theory is tested using computational fluid dynamics
(CFDs).

The flow in a centrifugal compressor is very complicated,
with strong three-dimensional features. The subject of
designing impellers is widely covered in the literature [1-5].

The blade angles of impellers are normally determined in
the initial one-dimensional design phase. The blade angles
are different on the impeller leading edge and on the trailing
edge. Thus there has to be a transition in the blade angle
along the meridional length of the blade.

In this paper, we create three different meridional blade
angle distributions, keeping all of the other parameters
constant. This does not necessarily lead to optimal design
but illustrates the effects of the different distributions better.
The performance of the resulting geometries were evaluated
at three operation points presented in Table 1.

The modern practise to determine the impeller merid-
ional blade angle distributions is to calculate the compress-
ible inviscid flow through the impeller passage, to determine
the blade loading along the blade, and then to modify
the meridional blade angle distribution to produce more
favourable blade loading; see for example [6].

The previous design experience gained at Lappeenranta
University of Technology (LUT) tells us that the meridional
blade angle distribution has a significant effect on impeller
efficiency. This phenomenon has been taken into account
in the inverse design approach [6-8]. However this design
method has some drawbacks, as the resulting geometry is
often mechanically complicated and the accuracy of the flow
prediction methods available is poor. The flow is usually
solved as an inviscid compressible fluid with a uniform
velocity distribution at the inlet. At the moment, a complete
CFD analysis of a compressor stage is computationally too
expensive.

Bonaiuti et al. [9] have tried the design of experiments
method to optimise transonic impeller. Part of that research
involved finding the optimal meridional blade angle distri-
bution for the inducer part of the impeller. The optimised
impeller showed consistent improvement of efficiency over
the whole range. The parameters were optimised separately.
They found that the hub meridional blade angle distribution
had a greater effect on efficiency than the shroud meridional
blade angle distribution.

The use of CFD in optimization is complicated. In
general the shape of the objective function is not known and
function noise is always present. Thus the search algorithms
have to be stochastic, although in some special applica-
tions deterministic methods have shown good results [10].
The design of a centrifugal compressor geometry includes



TaBLE 1: Mass flows used in modelling.

Low mass flow rate 0.8 1ges
Design mass flow M ges
High mass flow rate 1.2 ritdes

numerous variables, and the performance has to be evaluated
at different operational points. If the design parameters v are
randomly varied at n points the search for optimum takes
v" evaluations. One high quality evaluation of a centrifugal
compressor geometry takes hours of computational time
excluding the grid generation. Thus it is necessary to
severely restrict the search space and to use sophisticated
algorithms to accelerate convergence [11]. In order to do
search space restriction intelligently it is necessary to evaluate
the influence of the different parameters to the performance
of the compressor.

The secondary flows in centrifugal impellers were anal-
ysed by Brun and Kurz [12]. They have provided a model to
predict secondary flows in a centrifugal compressor impeller.
The conclusions of Johnston [13] are also worth reading.
Equations for the secondary flows using intrinsic coordinates
in turbomachinery have been developed by Horlock and
Lakshminarayana [14, 15].

2. Hypothesis

The theoretical basis of this study is that an impeller passage
is considered as a rotating duct with an adverse relative
velocity gradient of flow. Note that the impeller in this study
is shrouded. Now, the goal is to minimise the pressure loss
by adjusting the meridional blade angle distribution without
altering the meridional blade angle at the impeller leading or
trailing edge.

We are about to model pressure loss in this rotating duct,
but the correlations we use are for nonrotating ducts. This
naturally is a source of some error, and we do not expect these
results to be exact. We shall use CFD calculations to examine
if the general trends in flows agree with our hypothesis.

The pressure loss in such a duct comprises two elements,
the pressure loss due to surface friction, and the pressure loss
due to the shape of the duct. To calculate the pressure loss
due to skin friction we shall define the hydraulic diameter of
the duct

d, =4 (1)

A
P
The hydraulic diameter is used to calculate the Reynolds
number in the duct.

Vid
Rey, = 2V19,

(2)
Now, given that we know the relative roughness of the
impeller, we can determine the friction coefficient of the wall
from the Colebrook-White equation [16],

1 251 K
— = —21g|: + 1}, (3)

\/E Re\/g 3.71
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where Re is the Reynolds number, and K, is the relative
surface roughness.

Now the pressure loss due to skin friction over the length
of the channel e can be stated as follows:

pIVI?

Apsr = Jlf 2 dl. (4)

The integral form is essential, as the Reynolds number
changes through the channel.

The pressure losses from the duct shape are due to the
secondary flows induced by the geometry of the duct. The
losses are higher with an increased turning angle [16]. The
data by Kast [16] suggests that at low turning angles, the
turning radius does not play a significant role. Thus for low
turning angles the shape loss is

kg = k(AB). (5)

Further we assume that there is linear dependency between
the turning angle and the losses generated,

dk | dp
a1 sl ©)

where s is constant. This is implausible for wider ranges of
AP, but here we are interested only about one AS. This is of
importance because we will, once again, resort to the integral
form to define the effects of shape loss,

dk pIV|®
1dl 2

dp | pIVI?
=>Apsl=Ls‘dl;‘P|2| dl.

Apsl = dl>

This is necessary for the same reasons as in (4). It should be
noted that now the total k is the same for the same amount
of bending regardless of the length of the bend. However, if
the derivative of § changes sign in between the kg is larger for
the same absolute value of angle change.

The velocity used to calculate the anticipated losses of
different bends is computed assuming the lossless diffusion
while fluid is considered as an ideal gas.

As the longer channel induces larger losses, one could
think that the shortest possible channel is the most efficient.
This, however, is not the case in centrifugal compressors.
Blade backsweep has been, without a doubt, proven superior
over radial vanes [17]. That is mainly due to a more radial
outflow at the impeller exit, and thus, less work is done on
tangential acceleration. If the blade angle turns radically at
inlet, the length of the passage clearly increases. On the other
hand, if the blade is turned very abruptly at the end to meet
the desired backsweep, we lose the positive effects of the
backsweep, as the flow will separate from the blade surface.
The designer should be able to strike the balance between
these two effects.
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TABLE 2: Main design parameters of the studied centrifugal
COMPIEsSor.

Compressor pressure ratio — 1.635
Mass flow rate kg/s 3.045
Rotating speed rpm 9600
dy/ds — 0.616

TaBLE 3: Absolute lengths of impeller passages at midspan relative
to the flow passage length of case 1.

Case 1 I
Case 2 1.03
Case 3 0.97
3. Methods

Three geometries were studied with the CFD solver Finflo in
order to investigate the effect of the blade angle distribution.
Effects of the turbulence model and grid density were also
studied. All three geometries were modelled with three mass
flows.

3.1. Geometry Cases. The compressor studied in this paper
is a 2D shrouded impeller consisting of an inlet part, 18
full blades, and a parallel wall vaneless diffuser. The main
design parameters of the compressor are shown in Table 2.
The studied compressor is the second stage of a two-stage
industrial compressor.

Three different meridional blade angle distribution
shapes, shown in Figure 1, were studied numerically. All
geometries had similar inlet and outlet 5-angles. The original
distribution, referred to later as case 1, was meridionally
linear; whereas the second distribution (case 2) turned more
closer to the blade trailing edge, and the third geometry (case
3) turned more closer to the blade leading edge. The absolute
lengths of flow passages are presented in Table 3. Surface
grid of the impeller in case 1 without a shroud is shown in
Figure 2, and every other gridline is visible for the sake of
clarity. All three grids consisted of three calculation blocks,
which were inlet part, blade channel, and diffuser. Every grid
had the same amount of cells and similar node distribution,
which made them comparable.

3.2. Numerical Methods. Finflo is a multigrid Navier-Stokes
solver employing the finite-volume method for spatial dis-
cretization. This study employs Roe’s flux-difference splitting
method [18] for inviscid fluxes. Convective fluxes are
discretized by a second-order upwind scheme, and also a flux
limiter is applied for the studied problem.

Turbulence is modelled with the k-w-SST model [19] in
all cases and with Chien’s k-€ model [20] in two cases and in
the grid dependency study. Wall functions are not used.

The total enthalpy and momentum distributions are
used as inlet boundary conditions, and the static pressure
is extrapolated from the computational domain. Inlet flow
conditions are from the one-dimensional design of the
studied compressor. The static pressure is used as an outlet
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FIGURE 1: Meridional blade angle distributions of the studied
COMPIessors.
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FiGure 2: Surface grid of the impeller in case 1 without a shroud.
Every other gridline is visible for the sake of clarity. The impeller is
presented as a whole, but the calculations were done using one flow
passage.

boundary condition at the diffuser outlet. The mass flow
difference between the inlet and outlet domains and the
maximum change in density are used as convergence criteria.

3.3. Grid Dependency. In order to evaluate the grid depen-
dency of the studied geometry, three grid densities were
compared: grid 1 had 68608 cells, grid 2 had 548864 cells and
grid 3 had 932736 cells. The nondimensional wall distance y
* was less than unity in most of the blade surfaces for the
two largest grids. The maximum value of 6.2 was detected at
the trailing edge of grid 3. The maximum value for y * for
the grid 1 at the blade surface was 7.4 on the trailing edge.
The contours of y * for case 1 and a plot of y * at the blade
pressure surface (white dots) at the design mass flow rate
with the k-w-SST turbulence model are shown in Figure 3.
Higher (more than unity) values of y * are seen at the leading
and trailing edges in relatively small areas. In overall the
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FiGure 3: Contours of nondimensional wall distance y * for case 1 at the design mass flow rate with the k-w-SST turbulence model. Values
at the pressure side (PS) are plotted from the leading edge to the trailing edge along the blade surface (highlighted white spots).

1 X X A
0.8 b
@) o
X
0.6 [ b
* o
0.4 ]
0.2 b
0 . . . .
0 20 40 60 80 100
Cells x10*
O Hs2,t—s
X 7[53,tfs

(a)

85

80

65 : : : :
0 0.2 0.4 0.6 0.8 1
b/bhroud
== Grid 1
--- Grid 2
— Grid 3

(b)

FIGURE 4: Isentropic efficiency versus grid cell number (a) and flow angle at impeller outlet with different cell counts (b). Hub is at 0 and

shroud at 1.

values are higher at the pressure side (PS) than those at the
suction side (SS). Over unity values at the trailing edge might
have effect on the predicted wake and loss development. The
grid dependency was studied by looking at the flow angles
at the impeller outlet and the total to static efficiency of the
impeller and impeller-diffuser, #5,;—s and #s3,¢—s respectively.
The comparisons were done at the design mass flow.

In the calculations, the specific isobaric heat capacity c,
was assumed constant. Thus the efficiency for the impeller
outlet can be defined as follows:

T25 - Ttl

L= . 8
Ns,t—s T, — Ty (8)

The static temperature after compression is calculated from
the ideal gas equation

R/cp
Ty = Ty (“) - 9)

The efficiency and temperature at the diffuser outlet are
defined correspondingly.

Based on Figure 4(a), it seems that the number of cells
added from grid 2 to grid 3 does not significantly affect
the estimated efficiency. To be sure, let us consider the flow
angles at the impeller exit. From Figure 4(b) it is apparent
that the flow angles in grids 2 and 3 are almost similar.
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TaBLE 4: Theoretically calculated surface friction losses and shape
losses in the impeller passages with different mass flows scaled to
the design mass flow values of case 1.

0.8 11ges Surface friction Shape loss
Case 1 0.71 0.64
Case 2 0.89 0.62
Case 3 0.68 0.68
Mdes Surface friction Shape loss
Case 1 1 1
Case 2 1.25 0.97
Case 3 0.94 1.06
1.2 tiges Surface friction Shape loss
Case 1 1.32 1.44
Case 2 1.60 1.39
Case 3 1.32 1.53

From this, it can be interpreted that grid 3 with 932736 cells
is sufficient; that is, higher cell counts probably would not
improve the results.

3.4. Assessment Criterion. In addition to the efficiency
presented before, we use the pressure loss coefficient and
pressure rise coefficient to measure the performance of the
diffuser. The total pressure loss coefficient K}, is

P2 — P13
K, =""—2. 10
"= pa = p2 (10)
The total pressure loss coefficient gives information about the
quality of the diffuser flow.
The static pressure rise coefficient of the diffuser C,; is

p3 — p2
Cor = ——.
A (11)

The pressure rise coefficient tells how much of the dynamic
head at the impeller outlet was recovered as static pressure
rise in the diffuser.

4. Results

4.1. Theoretical Results. Theoretical solutions for speed
distribution in Figure 5 show that case 2 has the highest
average velocity and case 3 the lowest. As the flow passage
is also the longest in case 2, the surface friction losses are
the greatest; the relative values are presented in Table 4. The
surface friction losses in Table 4 are calculated with (4) and
the shape losses with (7). The only counter intuitive result is
that case 3 seems to lose its benefit of lower surface friction at
off-design points. This would indicate that case 3 has lower
total-to-total efficiency over the impeller, #;—5, than case 1
especially at off-design points.

From Figure 5 it can be interpreted that the turning the
flow channel after diffusion seems to be quite a lot more
efficient than before when considering shape losses according
to the hypothesis.
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— Vecase3 -~ Loss generation case 3

FIGURE 5: The theoretical velocity distribution at design mass flow
and the calculated shape loss generation.

4.2. Compressor Performance. The total to static perfor-
mances of the studied cases are presented in Figure 6(a). The
first case seems to have the best impeller efficiency at the
design point, and consistently good efficiency at other points.
Case 2 has the best performance at the low mass flow and
case 3 at the high mass flow. The efficiencies are scaled to the
maximum value of efficiency.

At the low mass flow rate, the stage efficiency differences
are larger than the impeller efficiency differences. Although
case 1 has the best impeller efficiency at the design point, case
3 has practically the same stage efficiency at the same point.

At the high mass flow rate, the impeller efficiencies of
cases 1 and 3 are practically equal, but the stage efficiency
of case 3 is slightly higher.

Impeller total-to-total efficiencies are presented in
Figure 6(b). The efficiency of case 1 is the highest at the low
and design mass flows. Case 2 has the lowest efficiency at the
high and design mass flows, but is practically equal to the
highest efficiency at the low mass flow.

4.3. Losses in the Impeller. In Table 5, the work done in the
impeller passage at the design mass flow is presented. All
values are scaled to the amount of work done in Case 1. The
losses are calculated and the percentage of losses caused by
the turbulent dissipation and the viscous dissipation at the
wall is presented. The loss distributions between cases are
very similar. The work done is calculated between the total
states. Therefore no heat is conducted through the walls, it is
really the amount of work done to the fluid by the impeller.

4.4. Velocity Profiles. In Figure 7, the relative velocity profiles
in the flow passages are presented under the design mass flow
conditions. Case 2 differs in the shape of the curve as the flow
starts to accelerate early in the passage. The average relative
velocity is the highest in case 2 and the lowest in case 3.
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FIGURE 6: Isentropic total to static efficiencies (a) and isentropic total to total efficiencies over impeller (b). The efficiencies are presented

relative to the maximum value.

TABLE 5: Losses in the impeller passage.

Case 1 Case 2 Case 3
W, 1.000 0.983 1.004
Was 0.932 0.901 0.935
Wiosses 0.072 0.087 0.074
Losses
Viscous 15.8% 15.8% 13.4%
Turbulence 21.4% 21.8% 19.6%

Also the velocities modelled with the k-€ turbulence
model for case 1 and 2 are presented in Figure 7. They are
higher than the ones modelled with k-w, and the curve shape
is also different.

All impellers have acceleration in the mass flow averaged
velocity near the trailing edge even though the cross-
sectional area increases. In the flow field Figures 8(a), 8(b),
and 8(c) we see a large area of low energy wake flow close to
the trailing edge at the suction side of the impeller, as can be
expected. The contours of relative velocity also confirm the
higher averaged velocities of case 2 over cases 1 and 3.

In Figure 9, the mass averaged flow angle of all cases
along the passage is presented alongside the actual blade
angles at the hub and shroud. The flow is turned the most
in case 3 and the least at case 2. These results are derived at
the design point.

When studying Figures 7 and 9 it seems that the actual
flow angle changes starts to deviate quickly from the blade
angle after the area starts to grow more rapidly. This seems
to be due to flow separation, based on Figure 8.

200

Area /Areayraling edge

lool—rT T
0 01 02 03 04 05 0.6 07 08 09 1

Relative impeller passage length

— Vecase 1 k- —— Vcase3 k-w
-= Vecase 1l k-¢ --- Areacase 1
— Vecase 2 k-w --- Area case 2
--= Vecase2 k-¢ -~~~ Areacase3

FIGURE 7: Mass flow averaged flow velocity relative to the impeller at
the flow passage and the development of the cross-sectional area of
the flow passage.The solid line represents the velocity distribution
calculated with k-w turbulence model. The results are obtained at

the design point.

The flow field shows rather normal behaviour for a
centrifugal compressor. The high energy jet flow is near the
pressure side, and the low energy wake is on the suction side.
Similar results can be seen in [21].

In Figure 8 cases 1 and 3 show clear low energy flow near
the leading edge, unlike case 2. This is due to flow separation.
However, case 2 shows the highest mass averaged velocity in

Figure 7.
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FiGure 8: Contours of relative velocity for (a) case 1, (b) case 2, and
(c) case 3 (k-w turbulence model).

TasLE 6: Diffuser performance.

Case 1 Case 2 Case 3
Cor K, Cor K, Cor K,

Low mass flow  0.180 0.452 0.196 0.417 0.100 0.510
Design mass flow 0.125 0.415 0.125 0.403 0.145 0.366
High mass flow  0.173 0.320 0.198 0.292 0.208 0.268

4.5. Blade Loading. In Figure 10, the blade loading of case
2 near the leading edge is considerably lower than in other
cases and is the highest at the trailing edge. The opposite is
true for case 3. Case 1 is the most consistent, but shows small
wobbling near the leading edge.

4.6. Diffuser Performance. The pressure rise coefficient of the
diffuser of Case 3 is the lowest at the low mass flow rate, but
the highest at other points. Cases 1 and 2 have their lowest
pressure rise coefficients at the design mass flow as can be
seen in Table 6.

The overall total pressure loss coefficient is higher at
lower mass flow rates.

5. Discussion

The stage efficiency and impeller efficiency are not linearly
dependent as seen in Figures 6(a) and 6(b). The theoretical
results suggest that the total-to-total efficiency over the
impeller of case 3 would deteriorate when compared to
the case 1; the opposite is true according to Figure 6(b).
Clearly, the initial hypothesis was incorrect according to
CFD. The impeller efficiency does not act the way the
hypothesis suggests, neither the stage efficiency. This can
be seen by comparing Figure 6(b) with Table 4. This is
most likely explained by the fact that the most important
secondary flow phenomena responsible of the losses are due
to the centrifugal force. Centrifugal force in pipe bends
acts towards concave wall and in a rotating centrifugal
compressor impeller it is towards the convex wall, this seems
to be the significant difference why the proposed analogy
fails. More importantly, superior impeller efficiency does not
predict superior stage efficiency with the same diffuser, fur-
ther emphasising the need to understand impeller-diffuser
interaction better.

In the steady-state calculation, the continuity equation
states that the mass flow through every cross-section of
the impeller passage is the same. Thus, the higher mass
averaged velocity can only be explained by a smaller effective
flow area or smaller density. Here we operate in subsonic
velocities. Thus, shock waves do not occur and the changes
in temperature and pressure are rather similar for all of
the wheels. Because of this, we deduce that somehow the
effective flow area is reduced. This is probably due to flow
separation. As seen in Figure 9, the flow breaks away from
the blade direction just after the halfway mark through the
channel.

Quite logically, the average speed in the flow channel is
the highest when the impeller passage is the longest, as in case
2, and the lowest when the impeller passage is the shortest,
as in case 3. This is because of the different cross-sectional
areas. As the diameters of the wheels are the same and the
thickness of the wanes is constant the longest passage will
have the smallest average cross-sectional area.

The initial hypothesis suggested that case 2 should have
been the most efficient, given that the shape losses are
considerably higher than the friction losses. However, it
seems to fail at the very beginning of the flow passage.
Nonetheless, no clear flow separation is present near the
leading edge; see Figure 8. However, later in the channel the
diffusion continues the furthest but does not make up for the
losses near leading edge Figure 7.

Near the leading edge, case 3 shows superior diffusion,
but looses the most pressure near the trailing edge because
of flow acceleration. This occurs regardless that the cross-
sectional area increases. The effective cross-sectional area has
to decrease because of flow separation. Indeed, we see larger
flow separation at the trailing edge of case 3. Without this
separation, case 3 would exhibit much better performance.

Velocity profiles suggest that in case 3, the effective cross-
sectional area decreases after a meridional length of 0.7. It
also makes sense that the average velocity of case 3 is the
highest.
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FIGURE 9: The actual mass averaged flow angles in the impeller versus the blade angles at hub and shroud: (a) case 1, (b) case 2, and (c) case
3.
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FiGgure 10: The ratio of the static pressure to the pressure at the inlet

at the midspan of the flow channel on both the suction and pressure Subscripts

sides at design mass flow.
dh:  Hydraulic diameter
fI:  Friction loss
h:

Hydraulic
The diffuser pressure rise is much lower with k-w- s: Isentropic
turbulence model. This is due to earlier and more severe flow sl Shape loss
separation. It is generally known that the k-e -turbulence 1:  Compressor inlet
model fails to predict flow separation at the areas of the 2:  Impeller outlet
adverse pressure gradient. The difference in overall total-to- 3:  Diffuser outlet
static efficiency between the models is 14%. t: Total
t — s: Total to static
Nomenclature t — t: Total to total.
Latin alphabet
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