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ABSTRACT

This thesis contributes to accurate, practicable techniques of ascertaining
and assessing site performance of {arge refrigerating machines chilling
water fot cooling deep South African mines. it applies to all vapour-
compression machines cooling fluids in steady, continuous processes.

To assess whather a water chilling machineg is performing satisfactorily,
* both its actual performance, and the corresponding normal or optimal
performance of which it is capable, must be ascertained., Both
requirements  asent difficulties on site. in particular, the fraditional *heat
balance” mathod of verifying the apparent performance obtained from
measurements in the water circuits does nof prove that such performance
Is accurate, The calibration of typlcal site instrumentation is not assured,
80 an “acceptable” heat imbélance may conceal large but similar errors ~
which thus also balance out - in the apparent constituents of the heat
balance.

Three methods of independently ascertaining actual performance, so
verifying apparent performance, are presented, The firstis an enhanced
method, applicable to custom-built machines as well as conventional
onies, of ascertaining the efficlency of the actual refrigerating process from
measurements in the refrigerant circuit. This detects errors concealed in
an "acceptable” heat balance, Where soms refrigerant-circuit
measurements are unavailable, an Inexact version of this method still
indicates the relative likelihood of the apparent performance being
acceptably accurate. The third method, where these two are inadequate,
Is ascertaining actual performance using available measurements and
fundamental machine modelling.

Such modeliing s also the most versatile method of predicting
corresponding normal or op_timal performance, A computel program



simulating complete mine water chilling installations is used here. Actual
perfarmance can then be meaningfully assessed and appropriate
remedial action justified, as shown in seven case studies. An outcon.e for
conventional water chilling machines with a centrifugal comprassor is that
keeping heat exchangers ciean may prejudice efficlency under part-duties
if @ machine has been designed for optimum efficiency at full duty. An
alternative conirol philosophy of maximising the machine load may then
yield better performance,

If these techniques are Included in an automated system of fault
diagnosis, they will be of mast use to burdened mine staff, who are
“generally not refrigeration experts,
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PREFACE

The author's interest in large refrigerating machines chiilling water for
cooling deep South African mines dates from 1974, when as a junior
enginesr on a South African geld mine, he participated in the repair and

- racommissioning of two such machines. Later, when employed by the
Research Organisation of the Chamber of Mines of South Aftica, he and a
co-worker developed an interactive computer program named CHILLER to
predict the performance of complate water chilling Installations on mines.
This thesls makes extensive use of that program.

Once this program was released in 1987, South African mines were
assisted in putting it to use, mainly through two- or thrée—day courses in
refrigeration practice for mine personnel, conducted by the author thrnugh
the Edutation Services department of the Chamber.

Frem 1980 to 1985, whiist amployed by the Chamber, the author prdvided
a consultancy service to mines In chacking performance of, and
diagnosing faults in, large water chilling and {ce-making machines. The
techniques irv the thesis for ascertaining and assessing the site
performance of water chilling machines were developed to address the
difficulties encountered in this consultancy service, Since 1993, these
technigues have been Incorporated into the abovementioned short
courses for mine personnel, and have been implemented on several
South Aftican mines. '
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the corresponding normal or optimal measure of
parfotmance .

routine check of site performance



1. INTRODUCTION

1.1 General nfroduction

More than 1 300 megawatts of refrigeraling capacity, abbreviated as
MWI(R), are installed on deep South African gold mines to maintain their
underground workings at acceptable tempuratures {CSIR, South Africa,
1994). Virtually all of this capacity is developed by over 300 large water
chilling machines, with capacities from 0,7 MW(R) to over 10 MW(R), in
centralised installations. ! is essential to minimise both breakdowns and
shorffails in performance of these machines. Not only may the costs of
consequent losses in production be very considerable, but more
importantly, working conditions may become unsafe, In the present
climate of falling ore grau»< and rising working costs (Chamber of Mines
of South Africa, 1997 : 23-25), *he incentives to achieve optimally reliable
and cost-effective operation of these machines become sver stronger.

The praper, cbjective basis for assessing whether a water chilling
machine is operating at satisfactory or optimal cost-effectiveness is the
dizcrepancy befween its actual performance and the corresponding
normal or optimal performance of which it is capable, [tis thus necessary '
to accurately ascertain both the actual performance attained, and the
corresponding normal or optiral performance - under the same or an
alternative operating regime! - which should be attained, Both of these
requirements present difficulties on Scuth African mines. In checking
actual performance, the harsh conditions typically prevailing, especially in
‘mine water circuits, make the accuracy of infrequently calibrated, site-
fitted instrumentation uncertain. Normal or optimal performance is
generally specified only for full-duty, design conditions. Such
performance for other operating _conditiohs and regimes - which may vary
considerably from the original, design ones - is seldom specified.

t Operating regime: the Inputs to, and the contral philosophy of, a machine. -
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This thesis addresses both of these requirements in assessing site
petformance of large water chilling machines. First, it contributes to
accurafe ascertainment of actual performance. [f submits an enhanced,
more accurate mathod of independently ascertaining the actual efficiency
of a machine through confirming measurements in its refrigerant circuit.
Thus the apparent machine performance, indicated by the measurements
in lis water cireuits, may be verified for accuracy, and erroneous such
measurements may be identified. Where insufficient confirming
meastrements are available for this enhanced method to precisaly
ascertain actual performance, two further options are submitted. An
inexact form of the method may be able to indicate a range where actual
performance must lie, and does Indicate the relative likelihood of the
apparent performance being acceptably accurate. In addition,
fundamental, computer-based machine models may be used to
independently ascertain actuat performance and so verify apparent
performance,

Second, the thesis contributes to accurate ascertainment of
corresponding normal or optimal performance. It submits the use of the
same fundamental, computer-based machine models to predict siich
performance under identical or aiternétive operating regimes. It thus
illustrates how actual performarice s properly assessed, abnormalities
within the machine Identified, and those abnormailties constituting faults
diagnosed,

These technigues have been developed to enable mine ventilation and
engineering personnel to mare quickly and reitably aésass. maintain and
remedy the performance of the large water chilling machines upon which
the undergrourid workforce in deep South African mines is so dependent.
Moreover, the techniques are applicable to all seclors of industry
employing vapour-compression refrigerating machines which cool flulds in
steady, continuous processes.
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In this chapter, the background to and reasons for undertaking the work
are furnished; the objectives and contributions of the work are stated; and
ths content of the thesls is summarised.

1.2 Background

Well-established, internationally-accepted standards (1, 968
ASHRAE, 1978, 1995; B3I, 1989; ARI, 1992) and draft standards (IS0,
1992, 1994) exist for ascertaining the performance of water chilling
machines under pre-specified conditions by testing. Direct measures of
performance, such as cooling capacity and efficiency, are calculated from
direct meas: rements of the rélevant quantities, such as water flow-rates,
water temperatures, and input power. These direct, or principal,
measurements are collectivaly termed the primary or principal test.
Almost all of these st: ~ . .~ also specify a simultansous confirming test,
consisting of measuremes s of additional quantities from which confirming
values of the same measures of performance can be calculated indirectly.
If the direct and indirect measures of performance agree to within the
limits specified by the standards, e direct measures of performance are
accepted as the actual machine performance.

These standards require testing conditions to be maintained within very
close tolerances: for example, four standards require Inlet and ouflet
temperatures of the water being chilled to be maintained to within £0,3°C
of specification, Thay also require all instruments to be of high accuracy,
substantiated by calibration before and after the test. When checking site
performance, though, these requirements are unatiainable. In general,
operating conditions canhot be maintained within such tolerances, and
are liable to vary over time. Therefore, all required quantities have to be
measured as simultaneously as possible, This s most conveniently
achieved by an autormated data-logging system, but many installations do
not have such a system, and it s thus necessary to rely upon perlodic
manual measurements.
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Moreover, the available fitted instrumentation - which Is generally of sub-
standard class of accuracy and infrequently calibrated - must be used in
checking site performance, except where it can be supplemented with
portable instrumentation of better accuracy (for example, calibrated
thermometers). All fitted instruments are subject to systematic error
developing over time, due to both internal drift and the detrimental effect
of their operating enviror .enl. This Is especially so with water flow
meters of the invasive type (orifices, pitot tubes, etc.) in mine water
circuits. The water being chilled, and the water removing heat from the
machine, may carry high concentrations of dissolved and suspended
solids, and hence he abrasive and either corrosive or scaling. Hence,
even if installed correctly, the accuracy of invasive flow sansors is liable
te worsen with time unless they and their upstream and downstream
piplng are fegularly malintained to specification. Often, therefore, the only
site measurements known to be reliable are those of water and refrigerant
'temperaturas made with portable, regularly calibrated thermometers,

Even though many requirements of the above standards are thus
unatiainable when checking site performance, these standards remain the
authoritative guide to ascertaining actual performance, and are thus |
followed as closely as possible. In particular, In checking site |
performance, the need for a simultaneous confirming check is essentlal In
view of the acc 'racy of fitted water flow meters not being assured for the
ahove reasons. This confirming check customarily takes the form of an
overall energy balance, termed a "heat balance®. Current pracﬁce isto
deem site measurements acceptably accurate if the computed heat
balance - this being appropriately termed the heat imbalance - is within
“acceptable” limits, specified as 15 per cent (Burrows, 1982),

The motivation for the work of this thesis was thresfold. First, how sound
was the basis for éetting these fimits of acceptability at x5 per cent? More
importantly, did an “acceptabie’ heat imbalance guarantee acceptable
sccuracy of slte measurements? The author had experienced two cases
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where this had not been so, Second, where "acceptable” heat imbalances
were not achieved, and it was thus obvious that one or more
measurements were erroneous, was there a practicable, accurate,
convincing method of identifying such measurements - and better still, of
ascertaining the actual values of the erroncously indicated quantities?

Third, diurnal and seasonal influsnces and the unpredictable nature of
mining may cause actual operating conditions to vary considarably from

_ original design conditions, which are geherally the only ones for which the
manufacturer specifies normal or optimal performance at the time of
ordering. Thersfore, once actual performance had been accurately

. ascertained, how could corresponding harmal or optimal performance be
practicably obtained to compare this with and thus assess it properly?

1.3 Objectives of the Study

 Wage costs exceed 40 per cent of total working costs on South African
gold mines (Ghahber of Mines of South Africa, 1997 . 16,30), It remains
vitally necessary, therefore, to improve staff productivity, as unit wage
costs drop when such improvements sw pass wage increases. With mine
staff thus facing increasing workloads, it Is impertant to continually
invesfigate ways of performing tas s more effectively and efficlently.

To timeously provide qualified mine personnel with the two sets of

information necessary to properly assess actual performance. diagnose

fauits and take remedial action, the objectives were, therefare, improved
techniques of quickly, accurately and convincingly -

(a) ascartaining actual performance of water chiiling machines, and

(b} predicting normai or optimal performancé under identical or aven
ajternative operating regimes, thus having valid yardsticks to
compars actual performanca with,



1.4 Summary of the Thesis

Chapter 2 provides B - road background to this work, describing South
African mina cooling ractice, and mine fluid cocling and ice-making
installations. For fluid cooling installations, the concepts of load, Hift, duty
and efficiency - this being termed coefficient of performance (COP) - are
defined. Apartfrom newly emerging technoelogies for especially deep
mines, centralised fluid cooling installations using vapour-compression
refrigerating machines to chill water are likely to remain the dominant
technology.

Chapter 3 provides the specific backgrourid to the work, focusing on the
large water chilling machines employed in mine fluid cooling installations.
The energy balances and the refrigerant-circuit COP (the COP determined
independently from measurements In the refrigerant circuit) for a
generalised water chilling machine are first defined. The two classes of
machines employed in South African mines - conventional, packaged
machines employtng & single~ or multi-stage centrifugal ressor, and
custom-bullt machines employing one or more screw Con..res2ots ~ are
then reviewed. The components of these machines, and how they
influence machine performance at full- and pari-duties, are described. Ifa
machine is to be efficient throughout its range of duties, all of its
companents - especially its compressors - must maintain their efficiency
throughout this range.

Chapter 4 explains the problems in detecting unsatisfactory parformance
of water chilling machines. On the ascertainment of actual performance, it
eritically reviews the requirements of the withorltative standards for
testing water chilling machines; the exten. to which these requirements
are aitainable in routine chacks of site pe'rformahce; and current practice
| and shortcomings in such checks on South African mines. The main
shoricoming is that an *acceptable” heat imbalancs is not a guarantee of
acceptably accurate measurements in such checks, because calibration of



7

all measuring instruments is not assured. Therefore, such a heat
imbalance may be concealing large, similar errors in the apparent
constituents of the heat balance, because such errors also balance out,
On the obtainment of corresponding noermal or optimal performance,
Ghaptar 4 concludes that prediction thereof by fundamental machine
modelling is the most versatile and thus preferable option here, although
simplified modelling, empirically attunied, may be more practicable for
custom-built machines, Three desirable improvements to current practice
in ascertaining and assessing machine performance are identified.

Chapter 5 provides the first such desivable improvemen .. This comprises
-enhanced, more conclusive methods of independently ascertaining actual
performance, so verifying apparent performance and identifying
unacceptable errors in the principal measurements, The chapter first
presents the enhanced Thorp method of doing this whierever the
refrigerant-circuit COP tan be precisely determined anh‘ at least one

. apparent constituent of the heat balance? is independently known to be
acceptably acourate. Next, for use where unavallabiiity of key
meastrements pfevents this COP from being precisely determined, the
inexact Thorp method is presented, This can Indicate a range where this
COP must {le, and does indicate the relative llkelihood of the apparent
constituents of the heat balance being acceptably accurate, Where the
heat imbalance is significant, this inexact method can thus identlfy
unacceptable measurement errors in most cases, Where the heat
imbalance is small, however, it cannot prove the absence of such errors,
and so cannot verify that apparent performance is accurate. Finally,
therefore, the chapter presents ths use of fundamental, computer-based
machine models to verify apparent performance where the enhanced
Tharp mathod does rof suffice.

2The apparent constituents of the heat batance ara the apparent waler chiiling load, the
w-parent heatrafection load, and the apparent Inout power.
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Chapter 6 provides the second desirable improvement to current practice:
a practicable method of accurately predicting corresponding normal or
aptimal performance to compare actual petfarmance with. It presents the
use of the same machine models - incorporated in the CHILLER computer
progratn specifically developed by the author and a co-worker for use in
South. African mines - to predict normal or optimal performance under
identical or alternative operating regimes. Once this Is done, It illustrates,
through some case studies of the previous chapter, how actual
perforiance is assessed; how abnormalities in the machine are hence
detected; and how those abnormalities constituting faults are diagnosed

by manual reasoning. An oulcome for conventional water chilling

-machines is that keeping heat exchangers clean may prejudice sfficiency
under part-duties if a machine has heen designed for optimum efficiency
at full duty. An alternative controf philosophy of maximising the machine
load may then yield better performance,

The third desirable improvement to current practice is automated
diagnosis of faults causing unacceptable shortfalls in performance. The
" thesis does net contribute here, However, Chapter 7 ciitically analyses
pertinent Iiterature in fault diagnosis and the automation thereof, shows
where the contributions of the thesis are of value therein, and suggests
where further work is required, Reliable, automated technigues of fauit
diagnosls will certainly aid burdened mine staff, who have to speedily
Identify and rectify faults, yet are unlikely to be refrlgeration experts.

Chapter 8 reviews the contributions of the thesis, critically ausesses the
work and its limitations, and suggests where further work is needed

1.5 Coaitributions

The first contribution in this work s that Thorp's otiginal method (Thorp,
1974) of vérifying the apparent performance of water chilling machines
has been extended and placed on a firm theoretical and implementational
basis. Itis shown that an *acceptable” heat imbalance does not
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guarantee that apparent performance is acceptably acourate. The
enhanced Thorp method presented ascertains actual performance
independently and accurately, and clearly indicates the degree of
accuracy of the apparent parformance, together with the reasons. Where
this enhanced method cannot be used due to unavaitability of required
measurements, the inexact Thorp method presented does indicate the
relative likelihood of the apparent performance being acceptably accurate,
and can still signal and identify unacceptable measurement errors when
the heat imbalance is significant.

The second contribution is that the fundamental models of water chilling
machines in the CHILLER computer program developed by the author and
a co-worker (Bailay-i\chwan and Penman, 1987) - and an extension to
one such model - have been used to ingependently ascertain actual
performance, and so verify apparent perfermance, of conventional
machines where the enhanced Thorp method does not suffice, If
sufficient meastirable inputs and outguts, such as water and refrigerant
temperatures, are accurately known, such models, which make use of
detailed machine specifications, can be solved for the unknown or
uncertain inputs, outputs and internal quantities needing to be
ascertained or verifled,

- The third conirtbution is that the same machine models have been used to

predict normal and optimal performance of sonventional machines, for the
purpose of assessing actual performance, The use of machine modelling
-~ for this purpose Is not original; however, this Is the first such use within
ihe South African miring industry of a fundamentally-based, rigorous
model of a conventional machine, whiclh models each stage of a multi-
stage centrifugal ccmpressof separatsly, and thus the interactions
between these stages. The detalled information and insight yielded by
such a moda! enables better-founded assessment of actual performance
and diagnos!s of fauits in such machines,
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2. REFRIGERATING INSTALLATIONS ON SOUTH AFRICAN MINES

This chapter provides the broad background to the thesis. it describes
the need for, and tasks of, mine fluid cooling Instailations, any the duties
thus imposed on the water chiliing plants within these installations.

The need for refrigeration in South Afrlcan mines is explained and South
African mine cooling practice outlined, The chapter then introduces the
concapt of the general mine fluld covling installation producing chilled
water, cooled air or both for underground use. The thermodynamic
operating principies of this general installation are reviewsd and the

~ various classes of actual installations on Sotth African mines briefly
described. The duties of installations on surface are more affected by
diurnal and seasonal weather patterns, and hence vary more, than those
of installations sltuated underground.

A few mines have adopted ice-making installations on surface as an
altsrnative means of providing cooling; the chapter summarises
developments here. [n closing, it notes that developments in future
refrigerating Installations for deeper mines will be governad by the need
for more cost-effective methods of transporting heat out of the workings,

21 The Need for Cooling in South African Mines

The South African gold mining industry employs over 340 000 people, of
whom over 210 000 work underground {Chamber of Mines of South
Africa, 1997), The weighted mean rockbreaking depth for South African
gold mines is 1,8 kilometres (CSIR, South Africa, 1994). Temperatures In
the working places would be unacceptably high for these people if the
mining industry had not developed techniques for sontroliing the
undergrotund thermal environment.,

Extensive research has shown that essentially all the metabolic heat
generatea by people warking jn hot underground environmenits s



1

dissipated from the body by the evaporation of sweat (Stewart, 1982a).
Sweat evaporation rate is governed by the wet-bulb temperature of the air
and the alr velocity. Air velocitles in confined undsrground working
places are low, so it is usual to aim at conditions that will be safe aven In
still air. Hence the wet-bulb temperature Is the major factor In evaluating
the underground thermal environment in the conditlons found in South
African gold mines, Fully acclimatised men can carry out hard work at
wet-bulb temperatures as high as 31,7°C, but it is desirable to limit the
maximum wet-buib temperature to 27,5°C, where fit men can undertake ali
mining tasks in still air with no danger to their nealth and without the need
for acclimatisation (Stewart, 1582b). "The ﬁrasent climate in deep mines
can thus be seen as a balance between what cari be achleﬁed by
engineering the thermal environment and what can be achleved by
adapting man to that environment.” (Burton et al,, 1986)

High temperatures in deep mines are caused by two major factors: heat
transfer from the surrounding rock and autecompression! of the downcast
ventilating air, Fundamentally, two strategies are used in contrdlling the
underground thermal environment. The first and obvious one, where
emphasis should lie, is reduction of heat flows, at their sources, Into the
workings (Ramsden et al., 1888). This can ba done directly by, for
example, insulation of Intake airways {(Ramsden, 1990, Ramsden et al.,
1988) but far greater raductions are achieved as a complementary goal by
techniques fo optimise mining layouts and methods, Such techniques
inclutde backfilling, increasing the face advance rate, hydropower and
revirculation of ventilating air (Ramsden et al,, 1988). The need to keep
reduction of heat loads as the primary strategy has been well expressed
by Gundersen (1991).

1 That Is, conversion of potential energy Into enthalpy as any fluld descends through the
Earth's gravitational fleld.
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"Only recently... with the advent of backfill and especlally
hydropower, have we seen synergistic benefits of Integrating
technologies for cooling and mining which, on their own, may not
have been feasible. While more efficlent refrigeration systems
continue fo be developed, these will only reduce the cost of caoling,
not so much the quantity. More signlificant savings in ventilation and
cooling will result from designing mining methads and layouts with -
reduced heat loads and shorter air routes,""

Netwithstanding all efforts to reduce heat loads, though, undsrground
working places require cooling either when all practicable means of
reducing heat loads are inadequats, or when the avallabls, uncocled
ventilating air is incapable of ensuring acceptable temperatures. Thus, in
deep gold mines, the second, complementary strategy of cooling the
workings always remains essential (Ramsden et al., 1988). Better stated
thermodynamically, the second strategy is to remove heat that manifests
itself in the workings. This heat is the sum of that flowing from the rock;
that due to autocompresslon; and that due to art'rficiél sources - -
machinery, explosives, people, etc, {Hemp, 1982). According to the First
Law of Thermodynamics, the available means (excluding chemical
means) of removing this heat are to ither transform it into useful work
which leaves the workings, or absorb it in fluid streams passing steadlly or
unsteadily through the workings. To make the first altemnative possible,
the Second Law of Thermodynamics requires an availabis heat sink at a
sufficiently lower temperature. No such heat sink exists, so the fluids
circulating through the working places - water and ventilating alr - provide
the only mezns of removing heat from the mine (Hemp, 1882). This |
means that the heat has to be transported from undsrground to surface,
where i can finally be rejected into the atmosphere.

The functions of a mine cooling system, therefore, utilising the fluids
circulating through the mine, are to absorb the required amounts of heat
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from the workings, transport this heat from underground to surface, and
reject it there,

2.2 South African Mine Cooling Practice

At this point, it Is useful to employ Gundersen's concept of a mine
consisting of a fransport zone and a mining zone (Gundersen, 1991).
The transport zone extends from surface to the top working level; the
mining zone from the top level down. The functons of a mine cooling
system can then be stated with greater clarity as;

« to absorb the required amounts of heat from the mining zone;
« totransport this heat through the transport zone to surface; and

o toreject this heat on surface.

In the first instance, the normal fluid flows of ventilating air and water
which are hecessary for mining operations can be used for all three
functions, If these flows are insufficient, additional flows of the same or
other media can be introduced, Additional flows of chilled water are
commonly used, for example.

The key considerations in designing mine coaling systems are the most
cost-effective way to perform the above three functions, and the extent to
which additional fluids or media are required for this purpose. Obviously,
many elements of a mine cooling system are also slements of other
systems {the ventliating system, water pUmping system, etc.)

From 1877 to 1990, the capaclty of installed refrigeration plant in South
Afrrican gold mines increased rapicly from 400 MW(R) to 1 200 MW(R)
{Ramsden and Baker-Duly, 1991). The increase in capacity up to 1993 is -
deplcted in Figure 2.1,
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Figure 2,1 !nstalled Refrigeration Capacity On South African
Gold Mines (CSIR, South Africa, 1994) '

Chilled water is a very convenient and readily available medium for
cooling, as water is used in mines for various operations anyway, and
water-chilling equipment is readily available commercially, Air cooling is
readily accomplished with c'hilled water through closed- or open-Gircuit alr-
to-water heat exchangers, Also, cooling capacity can be slored in the
form of reservoirs of chilled water. For this reason, almost all cooling in
South African mines Is accomplished through chilled water.

The two main options for distributing cuoling are:

e  service water chilling, that Is, chilling the water used in mining
operations, mainly dust suppression and rock driiling. This removes
heat from the rock, and to a lesser extent from the air (Siroh, 1982);

+  cooling the ventilating air.

In the 1970s, the mines devaloped a progressive three-phase strategy for
distributing cooling, using these two options, as follows {van der Walt and
Whillier, 1978),
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In the first phass, the service water is chilled. Presently,
approximately 28 per cent of cooling in South African gold mines is
distributed through the service water (CSIR, South Africa, 1884).
However, the quantity of service water used in & working place
vbviously has an upper limit; so there Is a corresponding Himit to the
amount of cooling possible through chiled service water. For a
deep mine, where the cooling requirements are targe, cooling
distributed through normal mine service water may be 10 per cent or
less (Ramsden and Baker-Duly, 1991).

Where the amount of cooling provided by chilled service water is
insufficlent, such as in deeper mines due to the autocompression of
the ventilating air, direct air cooling is carried out in large bulk air
coolers positioned efther on surfage or underground (Ramsden and
Bluhm, 1984; Stroh, 1982). |

In the third phase, when the heat pick-up by the ventilating air is
such that it is necessary to re-cool it during its passage through the
workings (Ramsden et al., 1988), this air is re-cooled in small
quantities at convenient locations wherever Its wet-bulk: temperature
approaches the maximum permitted value,

Not ali South African mines follow this three-phase strategy, but it has

been used extensively. It is worth rioting that not all cooled air reaches
the working places it is intended for. Some Is lost due to poor air control

at the working piaces and short-circuiting of cooled air through available

leakage paths such as old worked-out areas,

Obviously, the fluids or media which are Intended to absorb heat from the
workings in the mining zone must be supplied at temperatures low enough
to do s0. Mine refrigerating installations perform this function, A mine
refrigerafing instaliation is defined as that part of a mina cooling system
which supplies chilled media, secording to demand, for cooling in the

mining zone,
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2.3 The General Mine Fluid Cooling Installation

Currently, almost all South African mine refrigerating inst lations supply
chilled waler (a8 service water or for subsequent air vooling in air-to-water
heat exchangers in the mining zone), conled air, or both. Such
installations are thus termed fuld cooling instaliations,

Chilled water supplied by such installations, after beihg used in the mining
zone, is generally returned for re-chilling after filtering and chemical
treatment. The inevitable losses of water within the mining and transport
zones are replenished with a make-up supply. Installations which cool air
in bulk almost always use chilled water to do this? In large, open-circuit
coursterflow heat exchaiigers termed direcl-contact bulk alr coolers.

Flgure 2.2 depicts the general form of a fluid cooling installation,
consisting of; '

e  reservoirs for the entering water to be chilled and the chilled water to
be delivered, Other reservolrs for water at intermediate
temperatures may also be present;

° a direct-contact bulk alr cooling plant, If cooled air is to be s’up_plied:

»  a water chiliing plant (heat pumping plant), consisting of one or more
vapour-compression water chilfing mechines. One or more heal-
removing water streams, shown in the figure, transport the heat
leaving this plant to the heat rejection plant, now described;

o a heat refection plant, consisting of one or more wet cooling towers.3
This plant accepts heat from the heat-removing water streams and -
rejects this into the available heat-rejection fiuid, which is almost

2 The rare exception s whers refrigerant [s used to cool this air directly tn alr-lo-
refrigerant heat excharigers, _

3 )n the rare case of the heat rejection plant consisting of evaporative condensers instead
of wet cooling towers, the heat-removing streams are of refrigerant, not water.
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always air. Sometimeg, as shown, the water i be chilled also
passes through the heat rejection plant before entering fhe Wa.er
chilling plant. This is worthwhile when, as for many installations on
surface, the initial temperature of this water is significantly higher
than the wet-bulb temperature of the available heat-rejaction air. As
described later, the first step of chilling this water can then be

performed directly.
* HEAT REJECTION PLANT i
:
- TR |
WATER GHILLING _ [
* - _ _ i {HEAT PUMPING) et | _ ‘D_;__
' Reservolr(s) for water PLANT Chilled Water |
o he chilled Resenvolr(s)

i

3 Detid flows dancla shetnative
i ﬁ or posalble ffows.

Astalation bowmdan:

i
o
W

Figure 2.2 General Mine Fluid Cooling instaliation

231 Thermodvnamic anctibna

The three inseparable thermodynamic functions of a fluid cooling
Installation are to extract heat from the water or air being cooled; [ift this
heat to a higher teimperature than that of the available heat-rejection fluid;
and then reject it into this fluid. The function of extracting heat is
quantified by the cooling demand; those of lifting and rejecting th's heat
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are quantified by the mass flow-rates and properties of the fluld(s) being
cooled and th. heat-rejection fluid. Some or all of these guantities may
vary diurnally and seasonaily,

The water reservolirs seldom have capacities exceeding one or two days'
use of chilled water; they are provided to smooth or buffer diurnal and
shorter-term variations. The instaliation can thus perform its heat
extraction function non-simultanecusly with the daily and hourly cooling
demand pattern. However, no similar reservoirs are provided in the heat-
removing water circuits between the water chilling and heat rejection
plants, so these circuits can only smooth or buffer variations of the order

“of minutes In the heat rejestion function. All longer-term variations iit the
heat extraction and rejection functions must be accommodated by the
water chilling and heat rejection plants. At the installation design s'age,
this is a major consideration in specifying the components of these plants
and their interconnections,

2.3.2 Qverall Eneray Balance

The total mechanical powet input required for the installation to perform
its three functions of heat extraction, lifting and rejection is shown as
S.W in Figure 2.2, As no energy leaves the Installation apart from that in
the fluid streams, alf this power input to the installation is transformed Info
heat which is additional to that extracted from the fluids being chilled, and
which has fo be rejected along with that heat info the heat-rejection fluid.

Let the heat flow entering the installation via the heat-rejestion fiuid be

3 Gy @nd that entering via the fluic(s) being cool 1 by > Qeny» Lotthe
net heat flow Intv the external surfaces of alt components of the
installation from its surroundings be 3%, . Over a time intervat (x,~T,)

4 As the flow-ates in the heal-removing water clirouits are generally higher than in the
chilled water circuit, the sizes of reservoirs thus required for significant smoothing are
ganerally deemad 1netui . smic,
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long eriough fer no net storage or release of energy within the installation,
the First Law of Thermodynamics stipulates that the sum of the heat

T2 .
_j' 2 Qg -7 entering the Installation via the heat-rejection fluid; the heat

1]

_{1 2 Queny 9t entarin_g via all fluidé bein woled; the net heat _fzam L

A

anter‘ing into the external surfaces of the instaliation from ifs surroundings;

and the total mechanical work input J' ZWdrt must be zero. This is the

T

overall energy balanca:

*: T2 .
f)_'_'_,Q‘M,-d:+j20¢m,-dr+TZQm -dr+f2Wdr=0 (a1}
$ L L L2

2.3.3 Goefflcient of Performance (COP)

The efficlency of any refrigerating installation Is measured, like that of a
heat engine, by the ratic of the useful effect produced to the means used

1o produce it. Here, the useful effect is fz Qp +dr @nd the means used
%

are fEWdi. The efficiency expressed by thelr ratio, because it is

L]
ganerally greater than unity, is termed the coeﬂ?cient of performance,
abbrevisted to COP;

COP = | 3 Q2 / frwar | 2:2)
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2.3.4 The Water Chilling Plant

The water chilling plant within the fluid cooling installation comprises one
or more water chilling machines and their interconnections. Similarly o its
installation, this plant must perform three thermodynamic functions:

o extract the required foad of heat from the water being chilled;

»  fit this heat from the temperatures of extraction to the temperatures
of discard, i.e. those temperatures at which it can be transferred into
the heat-removing water streams;

o  discard this heat into the heat-removing water streams circulating
through the heat rejection plant, -

However, untike its installation, the plant must perform these functions
simultaneously, as it has no reservoirs of any significance. Recalling that
the water chilling plant is in essence a heat numping plant, its duty
cansists of pumping the heat /oad through the /it between the mean
temperaturas of extraction and discard. its dufy is thus defined as this
rrzat load and lift considered together,

Qverall Engroy Balance

The overall enefgy balance for the water chilling plant is simffar to (2-1).
As the plant performs all its thermodynamlie functions simultaneously,

though, flow-rates of heat and work must also balance, Let 3" Qe

" denote the total heat flow into the plant from the water being chilled;
> Quumen the sotal heat flow into the plant via the heat-removing fluld

streams; Y Qe the net heat flow into the external surfaces of the plant
fram its surroundings; and > W, the total mechanical power input

required for the plant t. perform its three thermodynamic functlons, The
overall energy balan.e Is _then _
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2 Qoo + 2 Quntyeet + 2 Qpapgt + 2, Woy = 0 (2-3)

...............................

Similarly to (2-2), the actual COP s the ratio of the useful coaling
produced to the input power required to produce it:

COPw = 2. Qe / 2 W (2-4)

To assess how good this actual COP i3, it has to be compared with the
ideal, maximum possible COP under the same condltlons. For a water
chilling plant which extracts huot from a stream of water (cw) being chilled
ahd thus dropping in temperature, and which discards heat into a stream
of heat-removing water (hw) which thus rises in femperature, itcanbe
shown (see, for example, Gosney, 1982 : 41-43) that the ideal, maximum
passible COP is the Lorenz COP, COFy !

COPyoguon T {2-58)

Tt'm'}vw! - me

whete Ty 8Nd Tjpnue are the logarithmic-mean absoluts temperatures

of the chilled and heat-removing water streams respactively:
Tearyonr = (anmste = Toonoets )/ Tcuerto  Tiowsopt)

- _ (2-5b)
Tomwywp = (?Enwnm = (nw)u\w)/ I“(?Enw)mpta/ ﬁmwu)

and the water chilling plant is thermodynamically ideai; extracting, lifting
and discarding heat reversibly, with the temperatures of extraction and
discard identical to, and following, the changing temperatures of the
chilled and heat-removing water streams, respectively, within the plant,
This Is equivalent to chilling the water in an Infinite amount of infinitesimal
steps.
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Of course, the Lorenz COP s not attainable in practice, but does show
what can be aimed at. By way of examplg, in a plant oh one South African
gold mire designed to chill water from 14,5°C to 4°C, and designed to
raise its heal-removing water from 22°C to 27,14°C, the Lorenz COP is
184, “The specified COP of this plant under these design conditions is
6,48 ~ only 35 per cent of the Lorenz COP1 As will be seen in Section
3.1.3 of Chapter 3, the maln reason {s that this plant chills water in only
one step, with the singie temperatures of extraction and discard thus
lower and higher, respectively, than the outlet temperatures of the chilled
and heat-removing water streams.

An important point emerges from the denominator of the Lorenz COP in
(2-58). {Tnpops ~ Tavnwst) I8 the average temperature lit through which the

ideal water chilling plant pumps its heat. The ideal COP, therefore,
tlecreases as this lift increases, and the same holds for the actual COP
and its lift (the difference between the tnean temperaturas of discard and |
extraction). Other thing's. being equal, the greater the lift, the greater the
power input required to provide the same water chilling load, and the less
the COP. |

2.4 Fluld Cooling Installations on South African Mines

2.4.1 Scattered Instziiations

Fluid cooling installétions can be situated either on surface, or
‘underground In the transport or mining zones, Where small amounts of
cooling sre required to cater for “hot spots” (Stroh, 1982), or where Ii_mite_d
heat rajection facliities prevent use of refrigerating installations of
conventional size (Thorp and Bluhm, 1988), local, non-centralised
installations are employad underground In the mining zone. The cooling
cap_acitieé of these small Installations range from 250 KW(R)® to even

5 KW(R): Kiewalts of refrigeraling, L.e. heatremoving, capacity.
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3 500 KW(R). They generally reject heat into a stream of return

ventilating air » that is, air which has passed through ths workings and Is
leaving the mine through a return airway to an upcast shaft and hence to
surface, They have the advantages of low capital cost andg high positional
efficiency;® but they have to be moved reasonably frequently as the
locations of the "hot spots” changs, and heat rejection s often limited by a
lack of return air, There is a tendency, therefore, to move away from
scattered installations except where very low capaciﬁes are involved
{Stroh, 1982).

24.2 Centralised Installations

In most cases, it is convenient and more cost-effective to have centralised
installations serving districts of mines. Siting of a centralised ing'.lation
is governed by the task that the installation has to perform (supply of
chilled water, cooled air, or both, and the demand patterns thereof); the
avallability of fluids to reject the heat Into; the need to minimise costs of
transporting the heat through the transport zone (principally, by
minimising mass flow-rates of additional media required for this purposa);
and the particular circumstarices of its mine. .

Centralised underground installatiohs are mostly in the mining zone; it is
convenient to locate them close to the shaft system because heat can be
rejected into the nearby main streams of return ventilating air passing into
upcast shafts, Nevertheless, the avallable quantities and heat-absorbing
capacity of this return air are limited, thus limiting the capacities cf
underground installations. Moreover, the coefficlents of performance
{COPs) of the water chilling plants in these instatlations are limited by the
high temperature of this return air.” However, underground Installations

€ Thal Is, they are close to the workings they serve, so that miriimum cooling Is lost
‘between the instillalion and these workings.

7 And thiss the high lift (difference bstwean temperatures of discand and extraction)
imposet on these watar chilling plants.
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do have the advantage of being relatively near the workings, so mininsum
power is required to transport chilled water to the workings and back
(Stroh and Kourelos, 1990; Ramsden et al., 1788), Feasibility studies of
underground installations reecting heat into the water being pumped out
of the mine, rather than Into return air, have been conducted (Stroh and
Kourelos, 1980).

Installations on surfac.: .: 2 no size or capacity limitations. The COPs of
their water chilling plants are far better, because heat can be rejected Into
relatively cool amblent air on surface (Ramsden et al., 1988), Also, where
sorvice water is being chilled, the warm service water arriving from
underground for chilling is typlcally at temperatures in the neighbourhood
of 28°C. This temperature is considerably higher than that of the ambient
alr, s0, as previously mer*orad, it is worthwhile to pass this water
through the heat-rejecac  ntfirst. This water is therefore first passed
through one or more pre-vuoling fowers (Stroh, 1982), In summer, when
wet-bulb temperatures on surface in South African gold mining regions
are 17°C to 18°C on averags, this water can thus be cooled to
approximately 20°C before entering the water chilling plant. This first step
of cooling the service water is virtually “free”.

In the colder seasons of the year, these pre-cooling towers assume a
greater proportion of the service water cooling load, as illustrated in
Figure 2.3. Inwinter, when wet-t  ‘emperatures are lowest, pre-cooling
towers can provide 40 per centm. 4 cooling than in summer, so some
machines in the *vater chilling plant néed not operate, thus facilitating
planred maintenance {Baker-Duly, Ramsden and MacKay, 1993).

instaliations have been evaluated in which maximum use is made of the
| lower night-time temperatures (Bluhm and Lancaster, 1987). Inthese
cases a large pre-cooling tower is installed which can cool all the water
from underground In the six to eight coclest hours of night-time; the water
chilling plant aiso cperates at maximum flow-rates then. Most cooling is



25

thus carried out during periods of off-peak power tariff. However,
substantial water reservoirs are required on surface and underground o
achieve the greatest power savings, so the decision whether to use less

expensive night-ime power must be made on economic grounds (Baker-
Duly, Ramsden and MacKay, 1993),
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Figure 23 Variation of Pre~Cooling Tower Load with Ambient
Wet-Bulb Temperature

A severe disadvantage of a surface Installation is that considerable
pumping power is required for circulating water betwaen it and the
underground workings. Although this disadvantage can be alleviated by
passing the water through energy-recovery turbines on its way
underground, it cannot be eliminated completely, and is still severe as
mining depths increase (Stroh and Kourelos, 1980).

The three principal factors economically Justifying fluid cooling
installations on surface are (a) the use of pre-cooling towers as the first
step in chilfing service water; (b) the greater COP of the water chilling
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pla.t; and (¢} the development of energy-recovery systems to minimise
the power reyulired to circulate water between surface and the mining
zone. Two additional factors are the escalating costs of estabilshing and
maintaining underground plant (including underground excavations
réquired), and the re-introduction of bulk downeast air cooling systems on
surface an some mines (Stroh, 1982),

The various classes of centralised installations on South African mines
are now briafly described, with emphasis on the nature of the duty (foad
and Iift) imposed on the water chilling plant. Load can be smoothed or
controlied; as mentioned above, wherever water reservolrs are present in
the chilled water clroutt, the Installation can extract heat non-
simuitaneously with the daily or hourly cooling demand pattern, The
installation's control philosophy can explolt this {n various ways, ranging
from simply smoothing the load an the water chilling plant {o predicting the
cooling demand and operating the water chilling plant and chilled water
reservoir to meet this predicted demand with minimum energy
cansumption (Middleton, 1984).

1ift imposed on the water chilling plant, howevar, is neither smoothed nor
controlled. As mentioned previously in Section 2.8.1, the heat-removing
water circuits between the wate: chilling and heat rejection plants have no
reservoirs of significance, se aay diurnal variations in flow-rate and
properties of the heat-rejection fluid directly affect the heat rejection
function of the installation. Corresponding diurnat varlations of
temperature in the heat-removing water circults result, Any such
variations in turn directly affect the mean temperatures of discard and
hence the lift in the water chiiling plant, because this Iift is the difference
between the mean temperatures of exiraction and discard. Therefore,
even though the water chilling load may be smoothed or controlled, _the Iiit
wiil still vary hourly and dally if there are any such variations in flow-rate
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or propeities of the heat-rejection fluld circulating between the water
chilling and heat rejection plants. Therefore, for installations on surface,
where the heat-rejection fluid Is ambient air varying hotrly and dally in
temperature, corresponding variations of lift in the water chilling plant
always ocour,

This class of installation [s depicted schematically in Figure 2.4, [ts task
is to ¢cool a large volumetric flow-rate of ventilating alr entering a downcast
shaft on its way underground. The chilled water leaving the water chilling
plant cools this air by direct contact In the open-circuit bulk air cooling
plant, and then returns to the machines for re~chilling.

This class of Installatlon has no reservolrs in its chilled water ¢ircuit2 The
cooling load, being entirely dependent on ambient weather conditions, Is
subject to major diurnal and seasonal variations. The machines in the
water n_:hilling plant have to be sized for the peak load and fift, but also
have to accommodate the minimum values of these, Oddly, typical control
systems attempt to maintain the temperature of the chilled water leaving
the machines - and not the wet-bulb temperature of the alr lea... Jthe
bulk air cooling plant, which appears more logical - at a ;ﬁresat value,
Typical temperatures for mid-summer conditions during the hot part of the
day are given in the figure,

The wet-bulb temperature of the ambient air directly affects the mean
temperatures of both the chilled and he'at-rerhoving water sireams, and so
is the dominant influence on the duty of the water chilling plant, As this
wet-bulb temperature reduces from its peak, the load and liit also reduce,
and vice versa, Therefure, as diurnal and seasonal ambient temperatures

& Excapt for the water sump In the direct-contaot bulk air cooling plant, which provides
smaothing of the order of minutes.
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~ reduce from thelr peaks, both the diurnal and seascnal dutles of the water
chilling plant are ones of reducing load, reducing lift
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Figure 24  Surface Installation for Bulk Air Cooling®

In principle, this class of installation is no different from that of Figure 2.4,
and has the same components, In detail, it differs in the following
aspecis;

9n rara cases, as mentloned In a previous foolnote, refrigerant Is used to coot this alr
direclly in alr-to-refrigerant heat exchangers. No water is then chilied, so the water
chiflirg and direct-contact bulk air cooling ptants in Figure 2.4 ars replaced by a bulk air
cooling plant. However, such bulk air cooling plants (and the refrigerating machines
within them) experience exaclly the same diumal and seasonal dutles as are now
desoribed for the water chilling planis normally present in such surface Instalfations,
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(a) its water chilling plant may serve two or more direct-contact buik alr
coolers in different areas of the mine;

(b) the inlet and outlet wat-bulb temperatures of the alr being cooled are
in the region of 25°C and 15°C respectively (see, for exampls, Stroh,
1982 : 673,676);

{c) Its heat rejection plant comprises vertical cooling towers or
horizental spray chambers whose heat-rejection fiuid is a limited
flow-rate of return ventilating air proceeding to upcasi shafts. On
entering the heat rejection plant, the wet-bulb temperatu. & of this air
ranges befween 28°C and 40°C, depending on the amount of heat it
has absorbed beforehand; |

(d) diurnal variations in ambient weather on surface have relatively littie
sffect, diminishing further with increasing depth, on properties of
both the air being cooled and the heat-rejection alr, This is due tu
the damping effect of heat absorbed by these eir sireams during
thelr passage through the mine hefora entering the installation.
Longer-term variations due to ssasonal weather changes on sutface
will still be experienced, but in mitigated form for the same reason.,

As diumai and seasanal amblent temperatures reduce from their peaks,
therefore, tha diurnal duty of the water chilling plant ity such an
undergraund installation is one of substantially constant load, constant iift
its seasonal duty Is one of reducing load, reducing lift, but less so than for
a su-face installation,

Surface, Instaliation for Service Water Ghiling

Figure 2.5 depiots this class of installation, [ts task is to chill warm water
pumped out of the mine so that this water may be returned underground
as service water for drilling, dust suppression, etc. The temperature of
the warm service water arriving from underground Is significantly higher
than the ambient w t-bulb temperature; so, as mentioned previously, one
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or more pre-cooling towers (which form part of the heatre’  tion plant)
perform the first step of cooling. The water then passes~ ough the
machines for chiling, and thence into the chilled water reservoir. Water is
drawn from the chilled water reservoir to underground as demanded.
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Figure 2.5 Surface Installation for Service Water Chilling

As documented by Middletor: (1984), service water demand patterns are
highly variable, with significant unpredictability, Current practice is to size
the warm and chilled water reservoirs to smooth the foad on the pre-
cooling towers and water chilling plant as much as possible, These
towers, and the machines in this plant, can therefare be sized for the
average diumnal load in mid-summer. Typlcal temperatures for mid-
summer conditions during the hot part of the day are given in the figure.
The cool water leaving the pre-cooling towers will fluctuate in temperature
according to the time of day. The control system of the water chilling
‘plant must, none the less, maintain the chilled water delivery femperature
at the desired value.
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Here, there are two major influences on the duty of the water chiiling
plant. The first is the wet-bulb temperature of the ambient air; thiz, as
before, directly affects the mean temperature of the heat-removing water
streams, but now also that of the chilled water stream (through its
influence on the pre-cooling tower perfdrmance; see Figure 2.3). Thusit
directly affects both load and lift. The second major influence is the mass
flow-rate of the chilled water stream passing through the plant; this is
varied by the installation’s contro) system to smooth the load on the
plant.’® Therefors, the diurnal duty on the water chilling plant is one of
mostly constant load,\ reducing liff; the seasonal duty remains one of

* reducing load, reducing lift.

-----------------------

Again, thers is no difference in principle between such an installation
situated underground and that of Figure 2.5. Differing aspects of detail
are:

»  asforall underground installations, dally and hourly variations in
ambient weather on surface have little effect on properties of the
heat-rejection air; this alr iz again limited in available flow-rate, and
ia at a wet-bulb temperature of between 28°C and 40°C;

o pre-cooling towers are inapplicable and not used; the warm service
water proceeds diractly to the water chilling plant.

Therefore, the diurnal duty on the water chilling plant is one of mostly
constant load, but constant /ift; the seasanal duty remains one of reducing
load, reducing lift, but less so than for a surface installation.

10 Alternatively, as proposed by Middleton (1984), a more ativanced control sfrategy can
be used to predict the cooling demand and operate the water chiiling plant and the
chilled water reservoir to meet this with minimum energy consumption, The diumnal
water chilllng plant dity is then controfled foad, reducing liff. Middleton has shown that
water chilling machines can be smaller when this control sirategy Is used,

1 To the exdent that the deslgn and the contral system of the installation parmit
smoothing the load in the face of the varying service water demand,
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.........................................

Figure 2.6 depicts the installation of this class; it is essentlally a
combination of Figures 2,4 and 2.5,
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Figure 2.6  Surface Installation for Bulk Air Cooling and
Searvice Water Chilling

During the night, both the pre-coaling tower and the direct-contact bulk air
cooling plant deliver cooier water to the water chilling plant, which can

- thus deliver more water to the chilled water reservoir, At night, therefore,
the water chilling plant can be kept operating at maximum capagity to
stockpile chilled water in this reservolr. During the day, this stockpile
provides for the difference between the generally higher service water
demand and the much-reduced delivery into the chilled water reservoir.
in this combined task, it is thus possible to present a virtually constant
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load fo the water chilling plant for almost nine months of the year.12
Again, this enables the machines in this plant to be sized for the average
duty in mid-summer. This system of "thermal stockpiling” is a modified
version of the "thermal storage” system of Jansen van Vuuren (1983),

A further reason for stockpiling chilled water at night is that constraints on
maximum electrical demand sametimes force installations to partiafly shut
down during the main shift of the day, the typical peak demand period.

The diurnal duty on the water chilling plant is therefore ane of constant
load, reducing Iifi; the seasonal duty remains one of reducing load,
reducing lift,

The principal difference of such an instattation from its surface counterpart
is that pre-cooling towers are inapplicable and not used. The tasks of the
previous two classes of underground installations are simply additive, so
diurnal and seasonal duties on the water chilling plant rema'in anes of
mosﬂy constant load, constant lift and reducing load, reducing lift
respectively. ' |

-------------------------------

Workings

" This class of installation is depicted in Figure 2.7. Outside the

installation, the chilled water delivered is circulated to networks of closed-
or open-type air-to-water heat exchangers in the mining zone, and then
returned to the installation for re-chilling.

As for other underground installations, diurnal variations in ambient
weather on surface have relatively little effect on properties of both the air
being cooled and the heat-rejection air. This class of underground

12 Puring tha 3 months of winter, it [s not necessary fo operate the bulk air cooling plant.
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installution, though, may experlence considerable varlations in diurnal

load threugh the influence of another installation in the same shaft sysfem.

For example, the use of chilled service water, supplied from a surface
installation, during the day can materially reduce the temperature of the
air entering air coolers served by an underground installation, and herice
the foad on the latter installation (Patterson, 1984). If such load variations
oceur, the diumal duty of the water chilling plant is one of varying ! sad,
constant Iift; if not, this duty Is one of constant load, constant lift. -
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Figure 27 Undetground Instaliation Chiiling Water for
Distributed Air Cooling in Workings

Also, the load on this installation is Uable to vary In step fashion over
months as air coolers distributed within the working areas are taken into
and out of service during the course of mining. Apart from such relatively
unpredictable load varlations, the seasonal duty of the water chilling plant,
as for other underground installations, remains one of reducing load,
reducing lift.
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Duties imposed on Water Chilling Plants: Summanry

Table 2.1 below summarises the variation of load and lift on water chilling
plants in centralised mine fluid cocling installations as diuma! and
seagonal amblent temperatures reduce from their peaks.

i sum, for water chilling ptants on surface, diurmal litts are always
reducing; diurnal loads are constan! if the Installation smoothes them, and
reducing otherwise. For underground water chilling plants, diurnal fifts
are constant, and 80 are loads uniess another installation affects them.
Seasonal duty on all water chilling plants Is one of reducing load,
reducing lift, aithough less so for underground installations.

Table2.1  Nature of Duties Imposed on__ater Chilling
Plants in Centralised Installations

DUTY ON WATER CHILLING | SURFACE UNDERGROUND

PLANT Load Lift Load | Lift
Diurnal Duty '
Load unsmoothed:
Bulk alr cooling Installation Reducing | Reducing | Sub- Constant
stantially
constant

Distr. alr cooling not
underground appicable

Distr. alr cooling ot
underground If affected by applicable
other installation

- Constant | Constarit

- Varying Constant

Load smoothed: '
Servics water chilling Mostly Reducing | Mostly Consiant
constant | constant

Combined bulk alr cbnling & | Constant | Reduclng | Constant | Constant
senvice watar chilling

Ssasonal Duty Reducing | Reducing | Reducing | Reducing

Wiater chilling plants can accommodate these changes in duty in two
ways: elther by regulating the capacities of their operating water chiiling
machine(s), or altering the amount of operating machines. The water
chilling machines in these plants, particuiarly in installations on surface,
may thus operate at off-design or part-duties for considerable portions of



a8

their daily or yearly operating periods. Water chilling machines, and the
capacity-regulating devices they use to accommodate off-design duties,
are the subject of Chapter 3.

2.5 lcesmaking installations on South African Mines

Because of its latent heat of fusion, lce has a cooling capacity of between
four and five times that of chilled water (Sheer et al,, 1984). Therefore, if
ice, instead of chilled water, is produced in a refrigerating installation on
surface and transported undarground to provide the required cooling by
melting, the flow-rate of water required to transport heat through the
transport zone is reduced by the same factor. A technical and economic
stucly (Sheer et al., 1984) has shown that, desplte the higher costs of
making ice compared with chilling water, ice cooling systems can
generally become more economical than "conventional” chiiled water
systems at depths greater than about 3 000 m.

jee can be produced in varlous forms, Including pure particuiate ice, and
ice-water mibdures (slurry ice} in varlous concentrations (Strob and
Kourelas, 1990). Pure particulate ice (100 per cent ice) results in
minimum mass flow-rate thfough the transport zone; two South African
mines have surface installations producing particulate ice (Middleton and
Muiler, 1986; Klostermann, 1994), On the other hand, a major benefit of
slurry ice stems from its tapacity to desalinate mine water to a high
degree (Shone, 1989). The process of making slurry ice is alse more
efficient (Shone, 1989; Shone an Sheer, 1988) but conveying of lce-
slurries presents certain problenis which are not completely solved yet
{Ramsden and Lloyd, 19982). However, tests on a pilot plant at one mine
have been sufficiently encouraging for a cooling system using skurry ice to
be proposed for a new shaft (Ramsden and Lloyd, 1992}
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2.6 The Future

As reserves are mined out, It will be necessary for mines fo increase their
mean ‘working depths, which will lead fo greater heat loads and herice
increased cooling requirements. This, together with cther factors, will
result in mine cooling costs increasing at a rate far greater than general
mining costs (Ramsden, 1990)., There is therefore a pressing need for
research and development into new mine cooling systems - more
specifically, into more cost-effective methods for transport of heat from the
mining zong through the transport zone to surface (Ramsden, 1990). The
reason is that as mines become deeper, the proportion of the capital and
running expenditure of mine cooling systems due to this transport of heat
becomes larger, and eventually dominates.

Mines of the futurs may require refﬁgerating instaliations of 100 MW(R) or
more In capacity. The resuiting sheer magnitude of veater quantities and
associated equipment will prohibit the widespread use of chilled veater in
ransporting, and possibly even some reticulation systems for Jdistributing,
such large quantities of tooling (Ramsden, 1990). Notwithstanding the
advantages of surface fluid cooling instaliations and energy-recavery or
conserving equipment in chilled water transport systems, the capital and
running expenditure required to circulate large flow-rates of watér through
the transport zone become prohibitlve, as does the large space required
by the plping in the shaft (Stroh and Kourelos, 1990).

Alternative media for heat fransport systems are therefore being sought.
The advantages of ice in this regard have already been outlined. The use
 of ammenia for ths purpose is a recent. novel concept. Hers, a vapour-
compressich sefrigeration system extends from surface through the
‘transport zong to the mining zone, with the refrigerant (ammonia) thus
also sefvin as the fluld transporting heat through the fransport zone, As
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the latent heat of vaporlsation of ammonia is very large,*® mass flow-rates
of ammonia are correspondingly small. Hence considerable economic
advantages accrue, provided that such systems can be made safe, An
ins_ta!latio'n has been desighed in detall for one mine {Napier and
Patterson, 1992). However, the use of amimonia underground is highly
controversial, and there is some doubt about the overaii viability of such
systems once all the necessary safety /eatures have been incorporated.
The technicue has not actually been implenientsd on any South African
mine so far,

Alr-cycle refrigeration for deep mines has also bsen investigated. in suen
a system, alr would be compressed on surface, piped underground, and
‘expanded through a turblne in the mining zone fo produce cooled air. ih
general, t_hough. it appears that such systems ara only more cost-effective
in comparison to chilled water systems at depths below 3 500 m (de!
~ Castillo, 1987); the deepest workings of some South African mines have
reached this depth {CSIR, South Africa, 1994),

Thus for both existing mines and new mines which are not especially
deep (see, for example, Rose and Biuhm, 1894), centralised fiuid cociing
installations using vapour-compression refrigerating machines to chill
water are {lkely to remain the adbpte’d technotogy.

13 { 261 kd/kg at 0°C (IIR, 1961),
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3. WATER CHILLING MACHINES EMPLOYED IN MINE FLUID
COOLING INSTALLATIONS

This chapter provides the specific background to ihe thesis. 1t describes
the water chilling machines within the water chilling piants of mine fluid
cooling installations.

The ﬁhapter outlines the fundamental concepts and thermodynamic
principles of the basic vapour-compression refrigerating cycle and
machine. It then introduces real machines on minas by means of the
generalised Vapour—compre?ssion wafer chifling machine. The additional
components and fluld flows existing in real machines are thereby
highlighted, and thelr effects incorporated into the overall energy balance
and COP of this generalised machine. The concept of the refrigerant-
circuit COP and its use In verffying the “apparent COP” determined
conventionally is also introduced.

Turning o classes of machines on mines, the chapter first reviews
conventional packaged water chiiling machines with a single~ or multi-
stage centrifugal compressor. The components of such machines,
especially centrifugal compressors, are examined in some detail.
Custom-built water chilling machines with one or more screw compressors
are next reviewed and their components, notably screw compressorg, are
simllarly examined. The overall energy balances and refrigerant-cirouit
COPs of these machlnes, which are needed later, are given. The chapter
‘concludes with brief remarks on how the behavioural interdependence of
machine components influences machinz performance at full and part-
duties.

Refriigefating cycles pump thermal energy from a reglon of low
femperature to one of highsr temperature. Vapotir-compression and
absorption refrigerating cycles are the two mnist common methods of such
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thermai energy pumping. All water chilling machines on South Afiican
mines ermploy the vapour~compression refrigerating cycle, Any
reasanably volatile substance which is liquid at the low temperature
desired can be used as a refrigerant in such a cycle.

3.1.1 Refrigerant Pressure-Enthalpy Diagram

The thermodynamic state of any pure substance In squilibrium is defined
if two independent thermodynamic properties are known. The two
independent properties of pressure and enthalpy conveniently indicate the
~ thermodynamic states of the refrigerant in a vapour-compression cycle on
a pressure-enthalpy diagram as in Figure 3.1, '

Pregsire, P {logarkthmis scale)

- Subgoolee!
tiquid

Saturated
reglan

Superheated
vapour

Saturatad
vapuur e

Enthall‘-‘?u h

Figure 3.1 Pressur+-Enthalpy Diagram for a Refrigerant

At any glven pressure, there is only one corresponding temperature at
which the refrigerant will evaporate from liquid to vapour or condense
from vapour to liquid. This is known as the saturation temperature for the
given pressure, The saturated fiquid line AC in Figure 3.1 indicates those
pressures and coiresponding enthalpies where the refrigerant exists
entirely as liquid at the saturation temperature corresponding to its

" pressure. The saturated vapour line BC similarly indicates those
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pressures and corresponding enthalpi+s where the refrigerant exists
entirely as vapour at the saturation temperature dorresponding fo its
pressure. At the critfcal point C, the distinction between liquid and vapour
vanishes.

The possible states of the refrigerant at a given, constant pressure P are
iustrated by the dashed line a-b-c-d-e in the figure. At a, the refrigerant
is in the liquid state, but its temparatufe is lower than ihe saturation |
temperature for the pressure P. its state is thersfore called subcooled
fiquid, At b, the refrigerant quuid is at the saturation temperature, and thus
saturated; any further increase in enthalpy will cause at least some iguid
to evaporate into vapour, but the temperature wiil remain af the saturation
temperatura, Atthe enthalpy of ¢, the refrigerant is partly liquid and partly
vapour, remaining at che saturation temperature. At d, the refrigerant is
entirely vapour, but stiil at the saturation temperature. At the enthalpy of
g, the temperature of the vapour has risen above the saturation
temperature, and the state s thus called superheated vapour.

In sum, the area ACB in Figure 3.1, labslled "saturated region”, is where
refrigerant liquid and vapour can exist togeth ~ -, various proportions.
Within this region, pressure and temperature are interdependent. To the

~ left of this area (in the direction of lower enthalpy) is the subcooted liquid
reglon, where the refrigerant can exist as liquid only. Liquid which is on
the boundary of the saturated region is termed saturated liquid. To the
right of the saturated region (in the direction of higher enthalpy) is the
superheated vapour region, where the refrigerant can exist as vapour
only. Vapour on the boundary of the saturated region is termed saturated
vapour.

3,42 |deal (Completely Reversible) Water Chilling Machine

As stated in Chapter 2, the water chilling plant in a mine fluid cooling
installation consists of ane or more water chilling machines and their
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interconnections. Consider one water chilling machine within such a
ptant, as shown in Figure 3.2, chilling a water stream (cw) from absolute
temperatures 7,y o T, and discarding heat into a heat-removing

water stream {hw) which thus rises in temperature from 7, 10 Ty)e-

T s ﬁ
waler sieam
-EW]O s -

chilled waler streait

WATER CHILLING MACHINES

N _

WATER CHILLING PLANT

Figure 3.2 Water Chilling Machines within Water Chilling
_ Plant

As for the ideat water chilling plan! considered in Section 2.3.4, Chapter 2,
if this water chilling machine is thermodynamically ideal, extracting, lifting
and discarding heat reversibly, with the temperatures of extraction and

discard equal fo, and following, the changing temperatures of the chilled
and heat-removing water streams respectively, its COP is the Lorenz
COP, given by, analogously to (2-5a),

~ - T;cw) ' |

(ew)
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where 7, and Ty, are the logarithmic-mean temperatures of the chilled

and heat-removing water streams respectively,

3.1.3 Semi-ideal (Internally Reversible) Water Chilling Machine

In any real vapour-compression water chilling machine, heat exchangers
are used to transfer heat from the chilled water stream to the refrigerant,
and from the refrigerant to the heat-removing water stream. Such heat
exchangers must be of finite size, so these heat transfers between the
internal refrigerant circuit and the external water stréams have to take |
place across finite temperature differences and are thus
thermodynamically irreversible. Therefore, aven if all internal processes
within the refrigerant circuit are ideal, and the machine can thus lift heat
reversibly, it can neither extract nor discard heat reversibly. Such a semi-
ideal machine iz termed an infernally reversible machine. '

Moreover, the refrlgerant used is a pﬁ_re substance and, as explained
later, it gains heat from and loses heai to these water streams by
evaporating and condensing, respectively, in these heat exchangers
{which are thus termed the evaporator and condenser) at essentially
constant pressure, Since temperature and pressure are interdependent in
the saturated region, as noted previously, these evaporating and
condensing processes also occur at essentlally constant temperature,
Because these heat-transfer processes occur at essentially constant
temperature, the maximum possible COP attainable by a semi-ideal,
internally reversible machine is the Carnot COP, in which the refrigerant
passes through a reversed Carnot cycle as shown in the temperature-
entropy diagram of Flgure 3.3,

In this well-known reversed Carnot cycle (sse, for example, Rogers and
Mayhew, 1967 : 254,255), refrigerant vapour is sompressed at constant
entropy, that is isentropically, from a low pressure and temperature (state
1 in the figure) to a higher pressure and temperature (state 2). It then
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passes through a condenser, where it condenses at constant pressure
and temperature T, to state 3. The refrigerant is then expanded

isentropically to its original pressure (state 4), and finally evaporated at
consta_nt pressure and temperature Tine to state 1, The corresponding

Carnot COP is

(3-2)

. T
COP,; = (e
. T{'r]c - ?;rle
Abs. Temperature, T
|
Toe 1
nmp
' Sattamted
o et
7;0\!]!
. rm
72”]” 7 I . oy
.................................................. .
7&]5 ‘ - 1 — Carnet Syele
[Orp—— me me
***** Watar Srenme
Entropy, &

Figure 3.3 Ideal Lorenz and cérnot Cycles of Vapour-
Compression Water Chilling Machine

Figure 3.3 also shows the completely ideal Lorenz cycle, where the
refrigerant is also compressed and expanded isentropicaily, but in
passing thrbugh the evaporator and condenser, follows the changing
temperatures of the water streams exactly, Due to the finite temperature
differences prevailing in the real evaporator and condenser, 7. Is less

than 7,,,), and thus considerably less than the logarithmic-mean
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temperature "T:m, of the chilled water sfream. Similarly, Ty 18 greater

than Ty, and thus considerably greater than 7,,,,. Therefore, the semi-

ideal Carnot COP is considerably lower than the completely ideal Lorenz
CcOoP.

By way of example, the water chilling plant cited in Section 2.3.4,

Chapter 2 comprises four identical water chilling machines connected in
parallel. Water is thus chilled in one step; so, as for the whole plant, each
machine is designed to chill water from 14,5*C to 4°C, and to raise its
heat-removing water from 22°C to 27,14°C; its Lorenz COP is thus 18,4,
For sach machine, though, the design evaporating and condensing
refrigerant temperatures are 0,04°C and 30,96°C respectively, so from
(3-2), its Camot COP Is 8,84 - only 48 per cent of the Lorenz COPI

3.1.4 Basic, Real Refrigerating Cycle and Machine

The basle, real vapour-compression refrigerating cycle and corregponding
mathine can now be reviewed. These are thoroughly described in
textbooks; see, for example, Gosney (1982). Figure 3.4 illustrates the
refrigerant circuit and the pressure-enthalpy diagram of the basic cycle,
The refrigerant circuit consists of an evaporator, compressor, condenser
and expansion valve, The figure also shows the thermodynamic bouadary
of this refrigerant circuit, across which flows of heat Q and work i/ ocour,
defined as positive if flowing into the refrigerant circuit.

Under conditions of steady flow, the refr'gerant ieaves the evaporator at
point 1 as a low-pressure se* rated vapour at saturation temperature £,
and enters the compressor, where it is compressed adiabatlcally with

. mechanical power input W, to a high-pressure, high~temperature
superheated vapour, At point 2, this vapour leaves the compressor and
enters the condenser, where a heat flow Q, leaves it as it is first de-

superheated and then condensed at constant pressure.



46

z/’
/j..
Qc://ir’./i
: 4 u b
" L
CONDENSER ¥ w;:
' 3 E
_ high-pressura side
! Expansion {ow-presale side
} Valve
4y
o - EVAPORATOR .
/l/ Q.  Themmodynanit boundary of efigarant oirout
) .
v
Pressurs, P (ogarthmio scale)
.+ fine of canstant entropy

Enthalpy, h

Figure 3.4 Basic Vapour-Compression Refrigerating Machine
and Cycle
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At point 3, the refrigerant leaves the condenser as a high-pressure
saturated liquid at temperature £, and enters the expansion valve,

where It is reduced to a lower pressure, Some of the liquid therefore
flashes into vapour.! At point 4, the refrigerant thus leaves the expansion
valve as a low-pressure, jow-temperature mixture of mostly liquid and
some vapour, fermed the "flash vapour” or “flash gas”. This mixture
enters the evaporator, where an incoming heat flow Q. evaporates the

liquid at constant pressure to the saturated vapour state at point 1.

This real machine s nelther externally nor internally ideal. It departs from
even the “~vegrsed Carnot cycle of Figure 2.3 because of internal
thermow, imic irreversibliities in its refrigerant circuit. First, the
expansion vaive reduces refrigerant pressure by deliberatsly introducing
friction Into the refrigerant flow, 5o the expansion process thraugh this

~ valve is not isentroplc, and is inherently irreversible, Second, the real
adiabatic compression process is never perfectly isentropic. Third, in the
condenser, the desuperheating of the refrigerant vapour before it
ct_mdehses constitutes heat iransfer across a greater temperature
difference, and thus greater irreversihility. All these contribute to reducing
the actuat COP helow the Carnat COP (see, for example, Rogers and
Mayhew, 1967 ;: 256-258), On the ather hand, modifications such as
muiti-stage compression with interstage economising can be made to the
refrigerént cirouit to reduce these irreversibilities and hence improve the
actual COP, This modification is incorporated into the machines with a
multi-stage centrifugal compressor reviewed in Section 3.2.7 below.

By applying the weli-known steady f_low energy equation to each
compaonent In Figure 3.4, the following relations are obtained:

1 This Is hecause the refrigerant entering the expansion valve is saturated llquid, 1.e,
liquid at Its bolling point at the condensing pressure, As the pressure 18 reduced In the
expansion valve, the refrigerant can no longer exist in equilibrium as entlrely Bquid and
must partially boil into vapour,



48

Compressor: We = m,(h, - b))
Condenser: Qe = myy(h, — 1)
Expansion valve; h,=Hh, @3
Evaporator: Qe = myy(hy—h,)

where h, is refrigerant enthalpy at the subseripted point 7 in the circuit,
and my, is the circulating mass flow-rate of refrigerant therein.2 The

overall energy balance for the system is
QE+WP+Q¢=0 ) (3'4)

It is important to note that Q; and W, being energy flows into the _
machine, are positive; Q,, being an energy flow out of the machine, is
negative, Thus (8-4} means that the heat Q; rejected by the refrigerant in
the condenser must equal the sum of the heat Q. absorbed in the

evaporator and the work W, of compression,

Deslan and Qff-Desian. Dty

From the point of view -f its refrigerant circuit, tﬁa duty of the basic water
chilling machine consist * of pumping the heat load Q: through the [ift
between the temperatures of extraction £, and discard {,;. A machine
is performing at its fulf or design duty when both load and lift are at design

values. All other values of load and lift constitute off-dasign duties, which
are termed part-duties if load, lift or both are below design values.

2 |n applying the steady-flow snergy equation, kinetic and potential eniergy terms are
omilted. These terms are numerically insignificant, as refrigerant flow velacities are kept
low to avold fkild friction and undestrable pressure losses, and variations in helght within
a vapour-compression refrigerating system are usually smail.
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The COP, being the ratio of the useful effect produced to the means used
to produce it, is '

refrigerating load  Q
net work Inptt "W _ (3-58)

and so, from (3-3)

h1"'h4

COP =
hz""h1

(3-5b)

The enthalpy rise h, - h, through the evaporator is known as the
refrigerating effect. '

---------------------

The static pressure rise resulting from a compressor's work input or,
conversely, the amount of work reguired to produce a given pressure rise,
depehds on the efficiency of the compressor and the therm'odynan‘ﬁc
properties of the refrigerant. For an adiabatic compression process, the
work input required is minimum if the compression is isentropic.
Therefore,' actual compression is often compared to an isentropic process
(ASHRAE, 1992 : 35.27). An isentropic compression process woulld result
in the state of the rafrigerant at the compressor outlet being at point 2[s,
instead of point 2, on the pressure-enthalpy diagram in Figure 3.4. The
reversible work required by an isentropic compression between states 1

and 2|s iz known as the '_fsentropic work WL, measured by the enthalpy

difference betwsen these two points:
Wi, = hy, ~h

The irreversible work done by the actual compressor is, from (3-3):
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W =hy b,

The ratio of isentropic work to actual work is the /sentropic efficiency %, of

compression:

W,
b, —h

hz;a = 'h1

(3-6
] h:"hi ¢ )

i

nis

The isentropic efficiency of a compressor at i*3 design duty (which
generally corrasponds te full capacity} ranges from approximately 0,60 fo
0,88, generally increasing with compressor size (ASHRAE, 1992), At
part-duties, the isentropic efficiency is generally below the full-duly value,
the fali-off depending on the internal geometry of the compressor and the
eff_lciency of its capacity-regulating device,

pppppp

As stated earller, any reasonably volatile substance which s liquid at the
low temperature desired can he used as a refrigerant. Apart from fhe
desirability of maximally favourable thermodynamic and thermophysical
properties, though, the choice in reallty is limited by factors such as cost,
toxicity, flammability, chemical stability, and compatibility with compressor
oil ang materials in the machine.

Briefly, the ideal refrigerant will have high a latent heat of vaporisation, to
minimise its mags flow-rate in the refrigerant circult; a high vapour density
to minimise displacement and hencs size of positive-displacemant
compressors; a low liquld density to minimise pressure drops in
refrigerant liquid piping and to fill the liguid-containing parts of the
machine with the minimum mass of refrigerant; and high iiquid and vapour
thermal conductivities to minimise resistance to heat transfer in the
evaporator and condenser. Table 3.1 below lists such properties of
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refrigerants commonly used in large vapour-compression water chiiiing
machines, at a saturation temperature of 0°C.

Table 3.1  Properties of Refrigerants at Saturation
Temperature of 0°C (lIR, 1981; ASHRAE, 1983}

Latent Density, kg/m® | Thermal conductivity,
heat of Wim.K
vaporisa-
tion, i
_ _ kdikg Liguid | Vapour Liqueid Vapour
Ammonia 1261, 6386 | 346 05360 | 00223
MHafocarbon '
refrigerants:
Refrigerant 11 1882 15343 2,48 0,0845 not ghven
{Refrigerant 123 179,7 1523,7 2,25 0,0839 nat glven
" IRefrigerant 12 151,85 1396,9 18,04 0,0783 0,0083
Reftigarant 22 2054 12848 21,21 0,100 0,0094
Refrigerant 1342 1988 | 12833 14,44 0,0834 0,0118

Except for vapour density, ammonia is thus clearly superior to the
halocarbon refrigerants. its latent heat is an order of magnitude higher:
than those of the halocarbon refrigerants, so the required mass flow-rate
is an order of magnitude lower. Despite its low vapour density, therefore,
it can be used in positive-displacement compressors of practicable sizes,
which Refrigerants 11 and 123 cannot. The low vapour density of
ammonia also means, though, that it does not readily lend itself to use in
centrifugal compressors; required impeller tip speeds are too high tinless
muliiple stages are employed (Gosney, 1982). Ammonia's major
disadvantage is its toxicity, which is the main reason why halacarbon
refrigerants are used in the vast majority of mine fiuid cooling installations.

3.1.5 Generalised Varnur-Compression Water Chilling Machine

The refrigerant circ' #s of the large-capacity water chilling machines in
mine fluid cooling installations are considerably more complex than that of
Figure 3.4. A generalised vapour-compression water chilling machine,
which may be defined as all components within a refrigerant circuit
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constructed for water chilling, is illustrated concaptually in Figure 3.5
below. This consists of a 2ondenser block, an evaporator block, and 2
vapour-compression block between them.

Vapour- -
Compresslon Block oo e it
(VCB) =} 7
SRR S R _Q. EQ' N
A LY W P T
' -
o il }
....................................... j
- - ./ ' )
ZQ Machine boundary ——’" 20 e

Figure 3.5 Generalised Water Chiiling Machine

These blocks are shown enclosed by dotted envelopes, representing the
Hermodynamic boundaries across which all mass and erergy flows take
piace. These thermodynamic boundaries are defined as crossing all
entering and leaving flows of fiuid (refrigerant, water, etc.} af the points
where femperature and other thermodynamic properties of these fluid
flows are measured.

The outer e:wvelope in Figure 3.5 represents the similar thermodynamic
boundary of the complete machine (machine boundery). As in Figure 3.4,
flaws of heat across thermodynamic boundaries are denoted by Q, and of
mechanical work by W’ . These rlows are defined as positive when
entering the machine or a component therecf.
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The refrigerant clreuit consists of the vapour-compression block, the
evaporator and condenser blocks, and the interconnecting refrigerant
piping. The vapour-compression block may contain any amount of
refrigerant compressors, expansion valves, v«ssals, heat exchangers and
other components. All refrigerant flows between the evaporator and
condenser blocks pass through the vapour-compression block, The
condenser and evaporator blocks may co;ltain any amount of heat
exchangers and other components, interconnected in any way in the
refrigerant circuit and their water circuits. Any amounts of water flows
may enter and isave these hlocks,

Flows of energy across the machine boundary are as follows. 3" Ques

denotes the net heat flow entering the evaporator block via all its entering
and leaving water flows crossing the machine boundary. 3 Qyes

denotes the corresponding heat flow entering the condenser block, and
| Y Quwosps ® that entering the vapour-compression block, 3 Ws

de.n_otes the total mechanical power input to this block. 3 Quymes »

ZQ{NS,G,_, and 3" Quanca denote the net heat flow from the machine

surroundings entering the external surfaces of the evaporator, condenser
and vapour-compression blocks respectively.

Vithin the machine boundary, D Qe 2 Qacs 8Nt Y, Qs denote
the net heat flow entering the external surfaces of the evaporator,
condenser and vepour—compreSSion blocks from the surroundings of
these blocks. As shown in the figure, 3 Qe thus comprises 3 Quqes

3 The suffix fMs}, denoting machine surroundings, is to emphasise that this term denotes
haat flow across the maching boundary via water flows to and from the vapour-

compression block. Strictly, of colrse, P, Qs 8Nd ) Qyyop Should also b written
3 Quosemisy a6 3, Quyossy + Ul since these terms ave normatty understood to

mean water-bome heat flow across the machine boundary, /Ms] In thelr subscripisis
omitted for brevity. The same appliesto D\ W;a -
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and the additional heat flow originating from within the machine boundary.
The same holds for 3" Quues and 3 Q-

Within the machine houndary, as also shown, some water flows may pass
between the vapour-comprasslon block and the evaporator and
condenser blocks. Suckh flows may be, for example, to and from oll-to-
water compressor oll coolers, The net heat flows into the evaporator and
condenser blocks resulting from all such water flows are denoted by

ZQ('-ﬂEB(VCB} and zQ{wmch} TES]JecﬂVely.

For this generalised water chilling machine, the relations for the energy
halance and COP are readily exteided from {3-4) and (3-5) respectively,

Qverall Enetgy Bafance

The overall energy balance for the complete machine s

(ZQuies +ZQ(M3155) + 3 Woos + (3 Queycawa *+ X Quanes)

(3-72)
HZ Qi + 32 Qo) = 0

If the net heat flow 3" Qy,,,, from the machiiie surroundings into the

external surfaces of all machine corsponents Is defined as

ZQws) G ZQtMs)EB + ZQ(Ms]VcB "‘Z Quassca - (3-7b)

then the overall energy balance for the generalised machine becor
22 Quyes + 2 Wy + ZQ[WWGB{MS} + ZQ{w}cs + ZQ(Ms) =0 (8-7¢)

The thiree terms on the right-hand side of (3-7b) will at least partlally
cancel. This is because, in reality, ¥ Qe Will be positive (the external
surfaces éf the evaporator(s} in the evaporator block will be cooler than
the machine surroundings) whereas 3 Quowes and 3, Cyeos Will be
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negative (the external surfaces here will mostly be hotter than the
machine surroundings). This cancellation effect will contributs fo the
likelihood that )" Qy, is negliglble compared to the sum of the other

terms in (3-7¢). If itis indeed so negligible, then the overall energy .
balance simplifies to '

2 Quaen + 2 Waos + 2, Qs + 2, Quuea =0 (3-7d)

Even this simplified overall energy balance for the generalised machine
differs from (3-4), that for the basic machine, in one key aspect: the effect,
represented by 3 Quosme « OF any water flows passing through the

| vapouf-compression block and crossing the machine boundary must be
taken into account.

Energy Balances for Individual Blocks

Fnergy balances for individual blocks of the generalised machine are
needed to calcula_te its COP and other quantities. The 'energy balance far
the condenser block is

2 Qs + 2 Qinos + 2, Quescerves * 22 Qarea = 0 (8-8a)

where 3 Qs denotes the net heat flow entering the condenser block

via all the refrigerant flows passing into and out of it, If
3 Qson = 2 Myercabiga » the sum of the products of all refrigerant mass

flows 11,0 shtering the condenser block and thelr corresponding

enthalpies hya,

Y Quncs + 2 Mieioaliees + 2 Quuiceosy 25 Rares =0 (3-8b)

Similarly, the energy balance for the evaporator block is
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. ZQ{lea + 2‘: Mipseaflypem + ZQ(w)m{vca} + ZQgs,Eg =0 (3-9)

and that for the vapour-compression block is

Zwvcs + z Myoallpves

3-10
=22 Quesivoey — 2 Quuycatvesy + L Qupvesgusy + 2 Qawea = 0 @10

In-reality, only one of the terms ‘Z‘Qmmm}, 3 Quicsos, &N
2 Qunveasy 18 Hkely to be non-zero,* Formulae (3-8%) through (3-10)
simplify accordingly.

-------------

The COP for this generallsed machine, being the ratio of the useful
cooling produced to the power input required to produce it, is

ZQ(MEB h
COP = 2=~ 3-11
Zchs (3-11a)

Using the energy balances of (3-9) and (3-10), the COP can also be
expressad as follows:

COP = ‘zmtrieaf’mea ~ 2. Quesves, ~ 2. Qi (3-11b)
=2 Myewesbiewen + 3 Queayon + 2, Q{wmstwa})

-2.Q WoBLNs) 2 Qayca

Cotnpared to the net energy flows 3. Myeahes aNd 3 Mypoafienos IO

the refrigerant circuit, the other heat loads in (3-41b) are small, and in
many cases negligible. These net energy flows Intc the refrigerant circuit
therefore dominate in the numeratar and denominator. If all other terms

4 Beoause the water flows through the vapour-compresslon block normally serve
compressor oll eoolars and all are likely to come from the satme source - elther the
evaporator biock, or the cotwlenger block, or g source outside the machine bountary.
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are neglected, then (3-11b) reduces to a function of refrigerant mass flows

and corresponding enthalpies, and is termad the refrigerant-circult COP,
COR,:

=3 M esh
, {+1ER (B
VOR,, = &t

_ 3-t1¢
=2 Mpealliewos ¢ )

If the other terms in (3-11b) are indeed negligible in comparison to
2 Mipeahines a0 3 M eshiewes respectively, the refrigerant-circulf

COP is an excellent approximation to the actual CCF, defined by (3-11a).%
Moreover, (3-11a) and (3-11c) are indepandent ways of determining COP,
as they involve no common quantities. In measuring w.e performance of
water chilling machines, therefore, the refrigerant-cirouit COP determined
by (3—1'10) can be used to verify the “apparent COP" customarily
determined by (8-11a). Because of this, i‘ha refrigerani-circult GOP is of
great importance in the woik to follow. 1t is the basis of the “Thorp
method®, described in Chapter 4 and developed further in Chapter 5, of
verifying the site performance of water chilling machines, obtalned in the
first instance from water-circuit measurements.

3.1.8 Classes of Larae-Capacity Water Chilling Machiijes Used on
‘Mines
Large-capacity vapour-compression water chilling machines used on
mines are of twa broad ¢lasses: conventional, packaged machines with a
centrifugal compressor, or custdm-bullt machines with one or more screw
compressors, These iwo types of compressors employ the dynamic and
positive-displacement principles of compressian respectively, The types of
compressor employed is a key factor in determining ths other components

& Where the refrdgerant-clrouit COP is no' a sallstxctory approximation to the actual
COP, it #an be comacted to make It so, 8s described in Chapter &,
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employed in a water chilling machine, and the design and arrangement of
its refrigerant clrcuit,

Positive-displacement comprassors, such as reciprocating and screw
compressors, increase the pressure of vapour by reducing the volume of
Internal chambers through work applied to the compressor's mechanism.
Aside from volumetric efficiency effects, the intake volume is independent
of the pressure riss. Dynamic compressors, such as centrifugal and axial
compressoi s, increase the pressure of vapour by continuous transfer of
angular momentum fram the retating member to the vapour, followed by a
conversion of this momentum into a pressure rise. Pressure rise and flow-
rate are ihterdependant, their relationship being expressed through a
characteristic performance curve (ASHRAE, 1992),

- Water chilling machines employing centrifugal compressors are almos’
exclusively of the packaged type, built as an integral unit for air-
conditioning applications, and employing one compressor, one evaporator
and one condenser in the refrigerant circuit. Screw compressors ¢an also
be employed in such packaged machines, but they are most often used In
custam-built machines employing multiple compressors, evaporators and
coy; sensers, Conventional packaged machines employing a centrifugal
compressor will be reviewed first, and then custom-built machines
employlng screw compressors,

3.2 Conventional Packaged Machines with a Centrifugal
Compressor
Centrifugal compressors are used extensively for alr-conditioning and
Industrial refrigeration applications. They are well suited for this purpose
hecause of thelr abifity to produce high pressure ratios, Because their
flows are continuous, these machines, like all dynamic compressors, have
greater volumetric capacities, size for size, than do positive-displacement
compressors (ASHRAE, 1892). For a very wide range of flows, centrifugal
compressars have considerable advantages: they ars small, robust,
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relatively simple, very relfable, and in many cases cheaper and more
efficlent than other types (Casey and Marty, 1986),

3.2.1 Packaged Machines with a Single-Stage Centrifugal Compressor

The simplest form of packaged water chilling machine - that with a single-
stage centrifugal compressor - is illustrated schematically in Figures 3.6
and 3.6a,

The evaporator block consists of a single, horizontal shell-and-tube
evaporator, with the water being chilled flowing through the tubes. The
condenser block similarly consists of a single, horizontal shell-and-tube
condenser, with the heat-removing water flowing through the tubes. As
shown, this condenser may incorporate a subcooler, to cool the
condensed refrigerant liquid below its saturation temperature, The benefit
of a subcooler is that the refrigerating effect Is Increased without any
increase in the work of compression (see, for example, Gosney, 1982).

The vapour-compression block consists of the single-stage centrifugal

compressor {(with its oil cocler), the expansion valve, and & hot gas

bypass valve., This latter valve only opens at low part-dutles when the
_ centrifugal comprassor would otherwise surge, as explalned later. '

The compressor oil cooler can be an oll-k:. water type as in Figure 3.6, or
an oil-to-refrigerant type as Iin Figure 3.8a.

As for the generalised machine of Figure 3.5, the evaporator, condenser
and vapour-compression binck are shown enclosed by their dotted
thermodynamic boundaries, which are again defined as crossing all
entering and leaving fluid flows at the points where temperature and other
thermodynamic properties of these fluid flows are measured, This is
important from the point of view of the compressor oil cooler. If this Is an
vil-to-water type, Figure 3.6 shows it obtaining its water:
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Figure 3.6 Packaged Water Chilling M.achine with Single-

Stage Centrifugal Compressor: Qil Cooling by
Water
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(a) eitherfrom the evaporator water lines within the evaporator’s
thermodynamic boundary,® in which case the oil cooling foad is
represented by Q00 (following the nomenclature for the
generalised machine, except that the subscript {VCB) Is replaced by
the more specific {OC}, denoting the oll cooler). Of course, the oii
cooler could also obtain its water from the condenser water lines, in
which case the oll cooling load would be represented by Q500

(b} orfrom outside the machine boundary, i which case the oil cooling

load is represented by Q00 -

;
1
o Feltigarant tiows | i

machine bondary ——

Figure 3.8a Packaged Water Chilling Machine with Single-
Stage Centrifugal Compressor: Ofi Cooling b

Ref:igerant

On the other hand, if the oil cooler is an oli-to-refrigerant type, Figure 3.6a
shows two customary ways of it obtaining ite refrigerant:

8 That is, between the evaporator and the points where the temperatures of the water
entering and leaving the evaporator are measurad,
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(&) eitherfrom a branch connection in the line from the condenser to the
expansion valve, and returning this refrigerant in a separate line to
the condenser. The thermosyphon effect circulates refrigerant
through the oil cooler. The oil cooling load is represented by
Qirictocy - OF course, the oll cooler could also obtain its refrigerant
fram the evaporator in a similar way, in which case the ol cooling
load would be represented by Q,z00,1

{(b) orfrom a branch connection in the line from the expansion valve to
the evaporator, and returning this refrlgerant into the same line,

A single water siream passes through the evapuraitor, and a
corresponding single heat flow Q¢ passes from this stream into the

evaporator, The condenser also has a single heat-removing water stream
passing through it, and the corresponding heat fiow is Qe (which is

negative, as this heat is passing from the condenser into the water). The
mechanical power inputs to the vapour-compression block are those to
the compressor, W, , and to its oll pump, W,,. From (3-7d), the overall

energy balance of this machine is accordingly
Qe +We +Wop + Quooms + e 20 (3-12)

As for the generalised machine, therefore, the effect, represented by
Quioey » Of any oil-to water compressor oil coolers fransferring heat

outside the machine boundary must be taken into account.

.....................

The COP far this single-stage machine is, from (3-11a),

= Qe 3-12a)
COP = W, W (
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From (3-11b), as shown In Appendix 1, the COP may be expressed as

COP = m(r)EX (hEa - hEXi) - m{r)HG(hHGJ - En) - Qm)E(oc}
(Minze + Mype )Mo = Bies) + Qumperocy + Quarciony ~ Umoouay

(3-13b)

where m e and myy,, are the refrigerant mass flows through the

expansion and hot gas bypass valves; and hg,, Ry, gy «nd Ay, are the
refrigerant enthalpies at the evaporator outlet, compressor autlet,
expansion vaive inlet and hot gas bypass valve inlet. Qspey Qucioc

and Qoo are the heat loads borne by the oil cooling fluld - whether

this be wa'ar or refrigerant - circulating between the oll cooler and the
evaporator, condenser or a sourcs outside the machine boundary.
Analogously to the generalised machine, only one of these terms, the one
corresponding to the -~ +: cooling fluid circuit of the oil cooler, will be
non-zero.

As for the generalised machine, the refrigerant-circuit COP is obtained
from (3-13b) by neglecting all terms not invelving refrigerant mass flows
-and enthalpies:

COP.. = f@gx(bsn = Pga) Mirne (hHGf_ ~Hgo)
0 (Mensex + Mipe Y hipo = hieo)

or, dividing numerator and denominator by the main refrigerant flow

Mypex

m
(hsb - hs:a) - m{rme ‘(hnm - hsa)
(rEX

COP,, = (3-14a)

[1 +%ﬂﬂ§“ '(hna - Ea)

{riex
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If, as in normal operation, there is no flow through the hot gas bypass
valve, then m,,,, =0 and COR,, simplifies to

g, ~h
CORy, = f::ﬁ: (3-14b)

which is the familiar for  ia, identical to (3-8), for a single-stage vapour-
compression machine. ltis a sole function of refrigerant enthalpies, and
thersfore especially convenient to use, as these enthalpies can normally
be determined easily from measurements of pressure and femperature at
the appropriate points in the refirigerant circuit.” This formula is only valid,
though, when flow through the hot gas bypass valve is zero. Otherwise,
for.wila (3-14a) applies. Furthermore, the greater the relative magnitude
of the ¢l cooling load - no matter which term Quero0: Qnoroey OF

Qumocyusy Tepresents this load - the more the refrigerant-circuit COP

exceeds the actual COP, as sean from (3-13h).8

Two impartant points regarding the refrigerant-circuit COP of this machine
thersfore emerge.

A.  If hot gas is being bypassed, COF,, Is no lenger a sole function of
refrigerant enthaiples, but alse a function of the ratio My, /Myex .

as seer from (3-14a). In general, if auxiliary refrigerant flows such
as hot gas bypass octur in any machine, the refrigerant-circuit COP
will be a function of both refrigerant enthalpies and lhe ratios of
these auxiliary flows to the main refrigerant flow. As discussed In
Chapter §, the refrigerant-circuit COP then cannot be delermined

7 provided that the refrigerant cireult is uncontaminated and in geod order, as explained
in Chapter 5,

8 n (3-13b), Qumetocy and Qgoc aFe positive if non-zero, and Q. cuu, IS Regative if
non-zera; s whichever term is non-zer, the effect is to reduce the actual GOP.
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unless sensors to measure refrigerant flows are fitted, which is
saidom the case.

B. Due to the effect of the compressor oil cooler, COP,, is greater than

the actual COP and will thus over-estimate it. Chapter § shows how
the refrigerant-circuit COP may be corrected for such effects to best
reflect the actual COP,

Beginning with the centrifugal compressor itself, the components of this
single-stage packaged machine will now be described in detail.

3.2.2 The Centrifugsl Compressor

.....................

A single-stage centrifugal compressor is illustrated in cross-section in
Figure 3.7. It consists of the inlat conduit to the impeller; the rotating
impeller itself to transfer energy *o the vapour; the diffuser to transform
kinetic energy 1o pressure ene:gy; the return volute: and the mechanical
(labyrinth) seals between moving and stationary parts.

The suction flow enters the rotating slianent, or impeller, in the axial
directlon and is discharged radially at a higher velocity. This dynamic
velocity head is then converted to static head, or pressure, through a
diffusion process, which generally begins within the impeiler and ends in
the radial diffuser and volute outboard of the impeller (ASHRAE, 1992).

The suction vapour generally passes through a set of adjustable inlet
guide vanes (“IGV" In the figure), or an external suction damper, before
entering the impeller. The vanes or suction damper are used for capac'ty
control, as will be described later. The high-velocity vapour dischatging
from the impelier entars the radial diffuser, which can be vaned or
vaneless. Vaned diffusers are typically used in compressors designed to
produce high heads; they decelerate the flow in less distance and with
less Inefficlency, or loss (Casey and Marty, 1986}, These vanes are
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generaily fixed, but they can be adjustablie. Adjustable diffuser vanes can
be 45> {vr capacity modulation either in lieu of or in conjunction with the
inlet gi .ic vanes. The flow ¢an diffuse in the three parte of the diffuser -
the vaneless space immediately adiacent to the impelier, the diffuser
vanes (where these exist), and the return channel or volute. Hence, in
general, the fiuid decelerates mora in the diffuser than in the impaller
{Casey and Marty, 1988).

Inlet guida
vangts GV}
2 1GVadjustment
mechanism
Impeiler
impelier shaft

Mechanical saa
Standstill seal
Radial bearings
Thrust baaring

Lot -0l

Figure 3.7 Single: stage Centrifugal Compressor®

The actual flow process through a cantrifugal compressor stage is
camplex, being three-dimensional, turbulent and unsteady. For many

© y/ith acknowledgements to Sulzer Brothers Lid, Switzerland (Brochure e/25.47.05.40 -
¥.85-50 of Process Engineering and Refrigeration Divisian)
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practical purposes, however, basic one-dimensional theory is sufficier: for
obtaining the essential relationships governing the performance of a
wentrifugal compressor stage (Casey and Marty. 1986).

..................

All the energy transfer takes place in the impelier, due to an interchange
of angular mamentum. The relation between the velocities at the outlet
(tip) of the impeller is shown in Figure 3.8. The subscripts 1, 2and o
denote the impeller inlet, the impeller cutlet and the compressor stage
outlet respectively. The fluid leaving the *npeller has velocity vpp

relative to the impeller, and absolute velocity v, resulting from v, and

U, , the peripherat velocity of the outer circumference of the impeller. The

tangential component of u, I8 upg,.

Impeller
{backward-bladed) |

Figure 3.8 Veloscity Diagram at Tip of imbelier cf Centrifugal
Compressor Stage

It is assumed that the fluid approaches the iniet of the Impeller purely
axially, with no moment of momentum. Hence it follows readily that for a
mass flow-rate m,, of fluld, th~ power required o turn the Impeller is
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W = m, \uppl,. Denoting the angle between OUpye @nd U, a3 B, itis

hence shown (see, for example, Gosney, 1982 : 328) that the specific
wark input per unit mass of fluid, known as the head and expressea as
enthalpy rise A s

W oAb Un(Us = Oymanaz SO ) (3-15)

7]
Whare Lpneuye . Shown in Figure 3.8, is the meridional component of v, .

In reality, as is well known (e.g. Gosney, 12382 : 328), the true fluld angle
B s less than B,, and Uy, is Not constant over the outlet area of the

impelier, (2-15}, suitably correcte for these realities, gives the work
absorbed by the impeller, but does not indicate how much pressure rise is
produced. This depends on the inefflciencies present in the machine, In
this regard, where the velocities at the stage inlet and outlet are equal, it
can also be shown (Casey and RMarty, 1986) that the enthalpy rise may be
expressad in terms of the absolute velocities v of the vapour at impeller
inlet, impeller outlet, and compressor stage outlet, and the velocities v,

relative to the impeller at its inlet and outlet:

o[- () TG oo

The first term in square brackets represents the increase in static
pressure due to centrifugal force; this occurs totally without loss (l.e.
inefficiency), and accounts for about half the work input in a typical stage,
The second term represents the change In relative kinetic energy - that is,

12 strictly speaking, this is the rise of stagnation enthalpy, 1.e. the sum of enthalpy and
kinellc energy. However, in most compressors the kinetic energies af inlet and outlet are
small relative to the enthalpies, and so the head is expressed sufficiently accuratety by
the difference Ah of static enthalpies.

e ¥
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internal diffusion - in the impefler flow passages, where some of the
redative velocity is transformed into static pressure. This accounts for
about one-fifth of the work input. The third term represents the diffusion in
the diffuser, and accounts typically for about one-third of the work input
(Casey and Marty, 1988).

Impeilers may be of the closed or open type (that in Figure 3.7 is the open
type), and may have forward-curved, radial, or backward-curved blades,
depending on the angle 3, between the tip of the blade and the tangent to
the outlet circumference of the impeller, as shown in Figure 3.8,

PRI N —

uwm - W-"’?‘
“lma/ ez -
fﬁz 7//

Tangeont to outor

tircumforonco of

impaliar
Forwara- Radial Backward-
outved curved

Figure 3.8 Velocity Diagrams of Impeilers With_Forward-
Curved, Radial. And Backward-Curved Blades

In (3-15), the maridional component v,y is proportional to the volume
flow-rete through the impeller. The magnitude of the ouflet blade angle 3,
therefore influences the head developed, It also influences the general
shape of the head-volumettic flow-rate curve. From (3-15), if i, =980°
(radial blades), cotp, = 0, and the head is theoreticaliy constant for all
flow-rates. When B, > 50° {forward-curved biades), cotf, is negative,

and the head increases with increasing flow-rates. When B, <80°,
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{backward-curved blades), cotp, is positive, and the head reduces with

increasing flow-rates. The head of (3-15) is then maximum wnen the flow-
rate is zero.

From Figurs 3.9 it will be noted that the value of 1. the abzolute velogity

of the vapour leaving the impeller, is minin.um for backward-curvad
impelier blades. This means that the least diffusion has to take place in
the diffuser, L.e. the diffuser has the minimum task. This is important when
considering diffusion losses throughout the range of operation of a
compressor. At design conditions, lossas in the diffuser are minimised by
suiting the shape and angle of the diverging diffuser passages to the
design conditions and flow-rate. At all other conditions, the diffusion
process s less efficient, resulting in niore lesses. Where the flow-rate
and pressures within the compressor vary widely, as is the case in a water
chilling machine with a widely varying duty, It is preferable to achiove the
maximum possible static pressure rise in the impeller and rely on diffusion
to the minimum. For this reason, centrifugal compressors in water chilling
machines generally have backward-curved impeller blades, which impart
the minimum net kinetic energy increase and require the least pressure
risa in the diffuser (Gosnhey, 1982), and consequently suffer loss from
diffusion losses under off-design conditions.

There are several sources of aerodynamic loss in the impeller and
diffuser. A large proportion of the losses are dus to friction. Frictional
losses are proportional to the square of the mean velocity and inversely
proportianal to the hydraulic diameter of the flow channels. Difiusion
losses (losses due o imperfect diffusion) ocour in kath impeller and
diffuser. There is a limit to the deceleration that can take place without
the flow becoming unstable, separating, eddying, and hence large losses
s courring.  To avoid such losses, the relative fluid velocity at the exit of
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the impeller cannot be less than about 60 per cent of that ot the et
{Gasey and Marty, 1088},

Shotk Ipsses are due to entropy ino - 2130 acroas e shock waves it
form in the impeiler and diffuser charnels when the iniet velocities
approach sonic conditions. The local Mach number at the inlet to the
impeller blades. and the blade geometry are the main influsnces.
incidence losses arisa at off-design flow conditions, where the direction of
the inlet flow is not equal to the inlet angle of the blades in the impellor or
diffiuser. The resulting deflection of the flow causes both additional
diffusion and additional shock losses (Casey and Marty, 1986).

Other losses are nt of aerodynamic origin. They include the disc friction
of the hub and shroud discs, and Ieakage losses.

......................................

These losses madify the ideal relationship of head tc volume flow-rate of
a centrifugal compressor stage. Shown in Figure 3.10 is how the sheck
and frictional losses do this for an impeller v th backward-curved blades,

The resulting. typical head and efficiency curves for a single-stage
centrifugal compressor are shown in Figure 3.11, Peak efficiency
chviously occurs at the point of minimum losses, close to wihere the flow is
perfactly matched to the blade angles and profiles of the impeller and
diffuser, and there are thus minimum shock and incidence losses. Peak
efficiency thus does not occur af minimum head, For example, if the
volumetric flow-rate reduces below that at peak efficiency, efficiency
decreases and net power input risecs if the rises in power due to the
decrease in efficiency and increase in head exceed the fall in power due
to the decrease in volumetric flow-rate. This is the underlying reason why
machines employing sentrifugal compressors somstimes consurne more
power at low than at moderate part-duties, and hence why there is



sometimes ne power saving whan thair duties reducs below modorate

pari-duties, as discussed and Hustated in Chapter 8,

Shocsineidene losoas

Theorelical curve

HEAD

Figure 3.10 Losses in A Centrifugal Compressor Stage with
Backward-Cturved Impeller Blades (Stepanoff,

1858)
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Figure 3.11 Typical Head and Efflcigncy Curves for Single-
Stage Centrifugal Compressor
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Stricily, a charactevistic surve such as in Figure 311 visers the

“ ceordiniates are head and iiake volume flow-rate, apniies 1 only ono s
& of conditions at the compressor inlet. THIS is oecause the shape of s
curve depends not only on compressor construction and speed. but aleo
on the properties of the refrigerant and the rofetional Reynolds and Mach
numbars’t of refrigerant flow. Ta provide maximunm versatifity in
pradicting compressor performance. comprassor diasignors uge
peneralised correjations hased on these rotational numbers and three
other non-dimensional paramcters: flow coefficient 4 ; isentropic or
polytropic head coefficient v ; and work coefiicient p1 (ASHRAE, 1982;

Gosney, 1982; Casey and Marty, 1986, eic.). These ceefficients ars
given by

G = m;r;V,-/(Ung) = ﬂh;"Uzz

) . (3-17)
Wosetanic or potropis = (S€NTrOpic or polytropic head) /U3

However, for compressors runming at a given speed with the same
refrigerant vapour:

o the rofationa) Reynolds and Mach numbers vary littks (Gosney,
1982 : 334), so the generalised characteristics are then plats of o,

y and efficiency agalnst ¢,

o from (3-17), the flow, head and work coefficients above amount {o
inlet volume flow-rate and head muitiplied by constants.

In this thesis, therefore, where the compressors considered always run at
the same speed with the same refrigerant vapour, the cocrdinates of head
and volume flow-rate can be and are used because they are more
convenient.

11 8o called because they are hased not an the velocity of the fluid but on that of the



The capacity (volumeatric flow-rate) of a centrifugal compres:
a mininum defined by the surge point, and a maxinmum defir
choke point, both shown in Figure 3.11. Depending on the
compressor, the surge peint may oceur ampwhere batween
cent of the design flow-rate, and typically at about 120 per ¢
design head. Choke fypically occurs at about 120 per cent
flow-rate. For practical applications, a wide margin betweer
surge is requiren (Casey and Marty, 1986).

If the mass flow through a stage is steadily increased, the sy
is eventually reached at some point in the flow passages. N
increase in flow is then possible, and the stage is said to be
Another commonly used term for this phenomenon is stoney
represants the maximum capacity of an impeller (ASHRAE,
Choking car occur anywhere in the flow passages - in the ir
impeller, i.x the rotating impeller passages, or in the diffuser
passages. In compressor stages with well-tnaiched vaned c
choking usually occurs in the diffuser passages (Casey and

if the mass flow through a stage is steadiiy reduced, the flov
down at some point and become unstable. Two types of ins

oseur: surge and rotating stall,

The most serious type of unstable flow Is surge. It occurs w
through the stage reduces to the poird where the head appr
maximum of which the machine Is capable; this Is the surge
Figure 3.11. The steady flow through the impeller then brez
flow through the stage changes violently at a low frequency,
increased noise and vibration, as it oscillates back and forth
unstable region, around the maximum head, shown in Figur
frequency of surge is mainly a functlon of the geometry of th
machine (inlet and outlet volume) rather than rotatlonal spe:
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practical applications, the operating point reaching a horizontal portion of
a characteristic curve in any stage of a multi-stage compressor is
sufficient to cause surge (Casey and Marty, 1986). Surging can be
distinguished from other Kinds of noige and vibration by the fact that its
flow reversals alternately load and unioad the driving motor: motor current
varies markedly during surging (ASHRAE, 1992).

The second type of instability, rotating stall, is characterised by small
pressure fluck ntions, but a steady mean mass flow through the machine.
"Siall cells” (areas of separated fiuw) deviiop around the compressor
stage annulus, and flow is unsteady hare. Stall produces a roaring noise
at a frequency determined by the number of stall cells formed and impeller
running speed. In copirast to surge, the driver load is steadv (ASHRAE,
1992). Stallis different from surge, but a compenent stalling can change
the pressure-rise characteristic of the stage, and trigger surge (Casey and
Marty, 1988). There can be various phases in the breakdown of the ideal
flow patterns through the compressor before outright surge with its full
flow reversal and pressure swings is experisnced (Lucas, 1889).

Polytrapic. and [sentropic Analysis and Efficiency

Compression in a centrifugal compressor stage is effectively adiabatic, as
the through-fiow of vapour is very large in relation to the areas available
for heat transfer, However, the process does require high fluid velocities.
High gradients of velocity and shear stresses thus occur at the impeller
surfaces, these being the boundaries where energy in the fv..m of work is
transferred to the vapour. Not only, therefore, has work to be done
against the normal pressure forces in the fluld; considerably extra work
has to be done against the Internal frictional forces arising from viscous
shear in this fluid. Put another way, this extra work is r.acessary because
of the inefficiency of work transfer to the fluid, and constitutes an internal
irreversibility. The polyiropic efficiency n,,, of such a compression

process is a measure of this extra work required: it Is the ratio of the
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P,
reversible work input fvdP . also known as the polytrepic head, to the
B

actual enthalpy rise:!2

1 P
Mo = H::-H‘—-fb'dp (3-'18)

B

In conirast to isentropic efficiency, as Casey and Marty (1986) and
Gosney (1982) point out, polytropic efficiency is thus a more real and
fundamental measure of the sfficiency of the centrifugal compression

B,
process. |t compates the ideal, minimum enthaipy rise jvdP {which is
R

the useful work input converted into pressure rise) in the actual process to
the actual enthalpy rise in the same actual process. in contrast, isentropic
efficiency compares the actual enthalpy rise in the actual process to an

ideal, but hypothetical, isentropic process of enthalpy rise {1, ~h) .
Polytropic efficlency thus relates more closely than isentropic sfficiency to
the actual compression progess. The advantage thereof becomes clear
when considering the overall efficiency of multi-stage compressors,
Where each stage of a multi-stage compressor has the same polytropic
efficiency, the entire compressor also has this efficiency. Where each
stage has the same isentrople efficiency, though, the isentroplc efficiency
of the entire compressor is less than that of the stages. This i3 because
the non-useful work input wasted in overcoming losseas In each stage
causes the specifle volume of the fluid to rise, and thus more work input is

12 I thermodynamic performance caleulalions for centrifugal compressors, the general
deflnitiont of the palylropic path for & real gas is that on which “the ratio of the reversit.e
work input to the enthalpy rise is constant” (Huntington, 1985 : 872, quoting Schultz, d M,
“The Polylropic Analysis of Cenlrifugal Compressors”, ASME Journal of Ergineering for
Power, Jan. 1962, pp. 68-82). The term “polytrepic efficiency” ariginates from the fact
that for an ideal gas, such a path is polylropic, I.e. confarming to the relation

Pv" = constant {see, for example, Rogers and Mayhew, 1987 : 448).
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necessary in the succeeding stage to produce the required rise in
pressure (Gosney, 1982; Casey and Marly, 1383).

The generalised, non-dimensional vorrelations of compressor
performance mentioned earlier ore generally more accurate when
polytropic, rather than isentropic, coefficients and efficiency are used
(see, for sxample, Gosney, 1982). However, the disadvantage of

B,
polytropic efficiency is that fvdP depends not only on the end states, but
B

also on the path of the compression process. The integral can seldom be
accurately evaluated, and is generally approximated by assuming that the
fluid behaves as an ideal gas. This assumption, even though wideiy
practised, is not strictly correct {Gosney, 1982: Huntington, 1988).13 On
the other hand, isentroplc efficiency, in spite of its shartcomings, depends
only on the end states of the process and hence can be determined i:om
tabulated thermodynamic properties of refrigerants. In view oft

s the conseq.ent ease of use of isentrapic heac and efficiency;

a ihe iteration necessary in calculations involving polytropic head and
efficiency to account for the non-ideal behaviour of refrigeranis of
high molar mass such as the halocarbons (Gosney, 1982 : 341):

o compressor stages always being analysed indivicually in this thesis.
never in combination;

the concepts of isentropic, rather than polytropic, head ar.d efficiency are
employed in this thesis, and the non-optimal correlation of performance
introduced thereby is acknowledged. The conclusions of the thesis aie
not affected therehy.

13 Athough it works well for refrigerants with simple, fight molec iles tuch as ammonia
{Gosney, 1982 : 320}
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The peak isentrapic efficiency of a certrifugal coinprescor stage varies
from about 0,82 to about 0,83, depending on the appliv:ion (ASHRAE,
1992).

.................................................

The operating point of an unregulated, single compressor stage is
confined to its characteristic vurve as in Figure 3.11, and this is too
inflexible for many process applications, including water chilling. Some
capacity-regulating mechanism is needed which will give the compressor
wide-ranging ability to operate under off-design conditions. Three
methods of regulation are possible: variable speed; or, at constant speed,
variable inlet guide vanes or variable diffuser vanes. The choice of the
most suitable mathod of capacity regulation depent. on how the required
pressure rise and volume flow-rate alter at part-duties.

A comparison of the operating characteristics of a single-stage machine
regulated by varia.ie speed. variable inlet guide vanes and variable
diffuser vanes is given in Figure 3.12.

Variable-speed regulation allows a compressor to deliver efficlently at
outlet pressures less than the design value. Maximum polytropic head, or
alternatively pressure rise, that can be developed hefore surge {ails off
rapidly with decreasing speed, as seen In Flgure 3,12, Volumetric flow-
rate varies approximately linearly with speed, and head developed as the
square of the speed (Casey and Marty, 1986). For exampie, a 50 per cent
reduction in compressor speed will r sult in a 50 per cent reduction In
volumetric flow-rate; however. the av. ilable pressure rise from the
compressor will be 25 per cent of i.s value at full speed. In water chiiling
applications, such a drastic fall-off of required pressure rise
(corrasponding to lift) with reducing load is unfikely to be encountered. if
the actual pressure rise required under part-duty conditions Is greater

tha the compressor s able to develop at reduced speed, the compressor
will surge. Thus, for water chilling applications, variabia speed alone s
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not a suitable method of regulating compressor capacity. In some water
chilling machines on South African mines, though, simple two-step speed
variation, in the form of & two-speed gearboy, is used in conjunction with
variable inlet guide vanes, discussed immediately below; the lower speed
gives better efficiency at . wer part-duties (van der Walt, 1979).

CHARSLTERISTE i ZLATE ‘
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RELATIVE VOLUME FLOW  W/Vy

Figure 3.12 Comparison of Operating Characteristics of a
Single-Stage Cenirifugal Compressor with

Var{able Speed: Var{able inlet Guide Vanes; and
Variable Diffuser Vanes (Casey and Marty, 1986)

Compressors driven at constant speed may we etuipped with variable
inlet guide vanes. Setting these vanes to pre~rotate the entering flow in
the direction of rotation reduces the relative velocity of the fluid at the
impeiler inlet, and hence the work input to the impeller. Hence a new
compressar performance curve, with lower head, results without any
change in speed, Controlled positioning of the vanes can be
accomplished by pneumatic, electrical, or hydraulic means (ASHRAE,
1992). At low levele of pre-rotation, the guide vanes are very efficient;
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they improve the efficiency of the stage by reducing the asrodynamic
loading of the impeller. At moderate levels of pre-rotatian, the guide
vanes introduce sig:iificant friction into the fiuid flow, and hence the
efficiency decreases. At very high levels of pre-rotation, efficiency
decreases ntarkedly for the same reason. Variable inlet guide vanes are
particularly suitable for machines where required pressure rise decreases
with decreasing volumetric flow-rate - that :-, for the reducing load,
reducing lift type of machine duty. For such applications, they provitle a
wide cantrol range and very high part-load efficiencies (Casey and Marty,
19886). Variable inlet guide vanes are used in aimost all centrifugal
machines on South African goid mines, and on all such machines
considered in subseguent chapters of this thesis.

A constant-speed machine may also be equipped with variable ditfuser
vanes. The position of these vanes has no effect on the work input of the
impeller; rather, the matching betwesn the impeller and the diffuser is
altared by the changing inlet angle and throat area of the diffuser vanes,
Variable diffuser vanes are particularly suitable for efficient reguiation of
machines where required pressure rise remaing substantially constant
with changes in volumetric flow-rate - that is, for the reducing load,
constant lift type of machine duty. {(As seen in Figure 3.12, the maximum
polytropic head that can be developed before surge does not decrease
over most of the operating range.) For such duties, a wide operating
range is afforded, with some loss in efficiency at part-duty (Casey and
Marty, 1983).

QOther compressor capaclty control methods are mo able diffuser walls,
impelter throttling sleeves, and combinations of these with variable inlet
guide vanes and variable speed (ASHRAE, 1992). Some machings on
South At wan gold mines have both variable inlet guide vanes and
variabie diffuser vanes. Alternatively, as mentioned above, variable inlet
guide vanes may be compined with two-step speed variaion.
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Where the pressure rise and flow~rate required under part-duty are
outside the range achievabie by these regulating methods, the only
recourse is to artificially increase the flow-rate through the compressor by
an amount sufficient to bring the compressor's operating point back into
this achievable range. This increase in flow is achieved by opening the
hot gas bypa: 5 valve in Figures 3.6 and 3.6a, which discharges
uncondensed, high-pressure vapour to low-pressure conditions, generally
into the evaporating liquid refrigerant to coc! the gas being bypassed to
infet temperature (Casey and Marty, 1986). This is an energy-wasteful
form of capacily regutation, though, as it increases compiession work
without any increase u refrigerating load, and thus decreases the COP.

Like miotors and gears, the bearings and fubrication systems of centrifugal
compressors can be Internal or external, depending on whether or not
they operats in refrigerant atmospheras. Most air-conditioning and
refrigerating compressors have internal bearings, as shown In Figure 3.7.
The il pumps are often internal, driven either by an intsrnal motor or the
comprassor shaft; in the latter case, an auxillary ofl pump is provided for
starfing and backup service (ASHRAE, 1992),

The ol circuits of most compressars are exposed to the refrigerant vag .ur
neing compressed. Most reftigerants, notably the halocarbons, are
soluble In lubricating olls, the extent increasing with refrigerant pressure
and decreasing with oil temperature. A compressor's oil may typlecatlly
contain 20 per cent of refrigerant by mass during idle periods!4 and § per
cent during normal operation. Thus refrigerant will coine out of solution,
causing the oil to foam, when the compressor is started. To prevent
excessive foaming from cavltating the oil pump and thus starving the

14 This is hecause the compressor's oll reservoir is generally exposed to sustion
pressure, which is higher during idle periods than during operation.
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bearings, oil heaters are fitted to minimise refrigerant solubility in il
during idle periods {ASHRAE, 1992),

Oil droplets also become entrained in the refrigerant vapour being
comprassed, and hence pass into the refrigerant circuit and dissolve in
the liquid refrigerant. The important effect of this is discussed below, in
the section on the flooded shell-and-tube evaporator.

The thrust bearing shown in Figure 3.7 is tha most important bearing in a
centrifugal compressar. Thrust is present because the pressure behind
an impellar exceeds the pressure at its inlst, In multi-stage machines, the
thrust due to each impelter adds fo the total thrust, unlsss soime inpellers
arg mounted backward. It is customary, unless this Is done, to provide a
halancing piston on the last impelier, with pressure on the piston thrusting
in the opposite direction, Most of the heating in the lubricating oil occurs
in tha thrust bearing, due to viscous shear in the oil (ASHRAE, 1992),

Oil cooling foad is small, typically between 1 and 3 per cent of compressor
shaft power, Single or dual ol coolers usually use condenser water,
chilled water, refrigerant ar air as thelir cooling medium. Ofl-ro-water and
oil-to-refrigerant models may be built into the compressor, Many oil
coolers are mountad externally for easy serviceabllity (ASHRAE, 1992).

3.2.3 The Shelland-Tube Evaporator

A diagram of a horizontal shell-and-tube evaporator, with water flowing
throug!. the tubes, is given in Figure 3.13 below. The refrigerant
vaporises on the outside of the tubes, which are submerged in boiling
liquid refrigerant. As noled in Section 3.1.4, the entering refrigerant,
having passed through the expansion valve, is a low-temperature mixture
of mostly liquid and some vapour; this is usually fed Into the bottom of the
shell through a distributor to ensure even distribution. As bubbles rise up
through the inter-tube spaces, the liquld surrounding the tubes becomes
Increasingly bubbly (or faamy, if much oil is present).
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Figure 3.13 Flooded Shell-and-Tube Evaporator

Entrained refrigerant liquid droplats must be separated "om the
refrigerant vapour before this vapour leaves the evaporator. This is
accomplished through a drop-out area between the top row of tubes and
the refrigerant outlet, and by special droplet eliminators shown in the
figure.

The evaporator in the figure has two passes; that is, water enters at the
bottom and travels through the bottem rows of tubes on its first pass along
the length ot the evaporator, As shown, it then reverses direction and
travels through the top rows on its second and final pass. Division plates
in the water boxes at the ends of the evaporator route the water from pass
to pass. The size of tubes, amount of tubes, and amount of passes ai»
generally selected to maintain the water velocity typicaily hetween 1 and
3 m/s. Velocities above 3 m/s cause tube erosion and wear if the water
contains abrasive or fouling substances.’ Minimum water velocity is
governed by the need to maintain turbulent flow fo ensure good heat
transfer.

13 Unless the tubes are of an especially durable material such as titanium, which is the
¢ase in some machines.
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The external surfaces of the tubes are generally finned v « vaniaily
formed in other ways to promote boiling »f the refrigerant and hence
enhance heat transfer thereto,

Refrigerant pressure drop in this type of evaporator is amall, as the ¢ross-
sectional areas th .gh which the refrigerant flows are iarge, and
refrigerant velocities are low. Hence the refrigerant temperature is
virtually cor and is denoted by £,,,; Inlet and outlet water

ternperatures are denoted by £, and £z, respectively. Heat transfer

Qg In this evaporator can be expressed by the well-known steady-state
relafionship:

Qp = UA, -LMTD, (3-19)

where LMT" e logarithmic-mean temperature difference between
the water and the refrigerant, and UA. is the overall thermiai conductance
of the evaporator. For all heat exchangers, the thermodynamic efficlency
of a given heat transgfer rate Q is maximised i the finite, mean
temperature difference by which this transfer occurs is minimised.
However, this requires the UA to be maximised, and since the heat
exchanger provides this UA, its cost is increased. There is thus always
an asconornic trade-off between /4 and the mean temperature difference,
For a shell-and-tube ' ' exchanger where, as here, the refrigerant
temperature is assumcu constant, the logarithmic-mean temperature
diffecance LMTD is given by

LMTD - (t[w)o = t{n) - (t(“"” - t‘r)) - t(w jo - t(W]f (3_20)
,n(ﬁy.m_:_‘_m_) l,{ fcw;g,.:fsf_x]
ttw}f - t[r; tf.wu o i‘(r}

s UA by the weli-known formula (for example, Burrows, 1982 : 624)
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The four terms on the right-hand side of (3-21) represent the resistances
to heat transfer due to the water, water-side fouling. tube material, and
refrigorant respeclively. Ap,, and A, are the total tube surface areas in

contact with the water and refrigerant; hy,, is the coefficient of heat
transfer to or from water by forced convection; h/,. Is the coefficient of

heat transfer to or from the refrigerant; b, is the coefflcient of heat transfer

through the layer of water-side fouling on A, y; and k, are the

thickness and thermal conductivity of the tubes; and A, Is the logarithmic

mean of Ay, and Ay,.

Because of the small refrigerant pressure drop. this type of evaporator is
relatively simple ta model and analyse.’® Another advantage is that it acts
as its own refrigerant reservair, lts main disadvantags is its inflexibility;
there is no way of enlarging its capacity, even incrementally, except by
installing another such evaparator in parailel, Also, the evaparating
refrigerant temperature must be greater than 0°C. otherwise there is a risk
of ice forming in tubes and bursting them. Generally, therefore, water is
not chilled *  a temperature lower than 3°C with this type of evaporator.

-------------

Most waters (and mine water is no exception) foul the water-side heat
transfer surfacs. Water-side fouling increases overall resistance to heat
transfer; thus sither the LIMTD must increase to maintain the same heat-
transfer rate, or the heat-transfer rate is lowered. Fouling may result from
sediment, biological growths, o~ corrasion products. Scale results from
the deposition of chemicals from the water onto the warmer or colder walls

15 Appendix 15 reviews steady-state modeling f this type of evaporator.
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of the tubes, Obviously, control of scaling or corrosion by proper water

treatment is important. it is also Impoitant that the tubes be accessible for
mechanical cleaning.

Manufacturers' ratings are based on commercially clean equipment with
an aliowance for the possibility of woter-side founng, A fouling factor (i.e.
a fouling allowance) is always incorporated in the design; this is a thermal
résistance referenred to the water-side area of the heal-transfer surface.
The water-side fouling factor is defined as 17/h; in the second term on the

right-hand side of (3-21).

Allowance for a specified fouling factor has a greater than proportionate
effect on equipment size. The required increase in surface area means
iower water velacity in the tubes. Consequently, the increase in heat-
fransferring surface required for the same performance is due to bsth the
anticipated fouling resistance and the additionai thermai recistance which
results fram lower water velocity (Starner, 1978). At the design stage,
specifying the corract fouling factor to match actual conditions is therefore
important. Other things being equal, if the actual fouling factor is higher
than the design value, UA. decreases and so, to maintain a given heat
transfer rate, LM7TD; must increase; the COP therefore decreases and
power is wasted. Too high a design fouling factor, on the other hand,
wastes heat-exchanger material. Moreover, as explalned in Chapter 8, if
the actual fouling factor is normally lower than the design value, the LMTD
is decreased; but if compressor efficiency Is also lower at this actual
fouling factor, power is not necessarily saved,

As mentioned earlier, wherever the oll circuit of the comprassor is
exposed to the refrigerant vapour, oil droplets tend to become entrained in
this vapour and thus pass into the refrigerant circult and dissalve in the
liquid refrigerant, most of which is present in the evaporator,
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Unfortunately, dissolved oil affects the thermodynamic and
thermophysical propertie= of the refrigerant, and thus changes it from a
well-understood pure substance inte a poorly understood solution whose
properties may have altered significantly, dapending on the oil type and
concentration (ASHRAE, 1990; Hughes et al., 1982). What is known is
that dissolved oil reduces reirigerating effect, because, for the same
pressure, the beiling point of the solution rises and the oil holds a portion
of the refrigerant in the liquid phase {Hughes et al., 1882). Other tings
being equal, to maintain the same refrigerant evaporating temperature
(and hence the same LMTD and heat transfer rate), the pressure thus has
fo be lowered below the corresponding saturation pressure of the pure
refrigerant. Thus the pressure rise required of the compressor increases,
which increases the required power input and decreases the COP.
Devices termed oif eductors or rectiflers are therefore fitted to such
evaporators; these are designed to distil sufficient oil out of the refrigerant
in the evaporator to maintain the oil concentration therein at a value which
does not significantly affect refrigerant properties,

3.2.4 The Shell-and-Tube Condenser

Conden~ers transfer heat in two steps: sensible cooling in the vapour
desuperheating stage and transfer of iatent heat in the condensing stage.
An additional step of sensible cooling oceurs if the condensed refrigerant
is subcooled before leaving the condenser. In the horizontal shell-and-
tube condenser, the refrigerant condenses outside the tubes, and the
heat-removing water circulates through the tubes in a single or muiti-pass
arrangement. A four-pas: shell-and tube condenser is illustrated in
Figure 3.14,

Refrigerant vapour enters the shell at the top and condenses on the
outside of the tubes. The condensed refrigerant drains off the tubes and
collects at the bottom of the shell, whence it draing out. It is Important that
the condenser be kept drained of condensed liquid; if such liquid
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accumulates, it floods the bottom rows of tubes, so decreasing the surface
area available for condensing the vapour. The overall thermai
conductance of the condenser, and hence its performance, thus
Jw-~rgases.'” Analogously to the shell-ard-tub:e evaporator, the outside
surfaces of the tubes are finned or formed specially to enhance
condensation and promote drainage.
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Flgure 3.14 Horizontal Shell-and-Tube Condenser

As for the shell-and-tube evaporator, refrigerant pressura drop through
this type of condenser is small, su {3-20) and {3-21) for the LMTD and UA
apply. For water-gide fouling, the same considerations as for the sheli-
and-tube evaporator apply.

........................

If any non-condensable gases like air or water vapour are present as
contaminarts in the refrigerant civcuit, they accumulate in the condenser,
because the expansion valve (reviewed in Section 3.2.6 below) of the
machine allows only refrigerant ligquid to leave the condenser. Such

17 For slight fiooding, this decrease may not be significant, because there is a partial
compensating offect: the hotlom rows of tubes subcool the liguid fiooding tham. An
exampie of this (Case Study A) is analysed in detail In Chapters 5 and 8.
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accumulated gases, due to their partial pressure, raise the pressure in the
condenser above the saturation prassure corresponding to the
temperatu-2 at which the refrigerant condenses. They also raise this
refrigerant condensing temperature sonwewiiat because they form a heat
transfer-resisting film over some of the outside surfaces of the tubes
(ASHRAE, 1992). The increased condensing nressure increases the
pressure rise required of the rampressor, which again increases the
required power input and decreases the COP. Hence it is important to
keep the level of such nen-condensable gases to a minimum. For low-
pressure refrigerants such as R11 and R123, w2 the operating
pressure in the evaporator is below atmospheric pressure, even slight
inward leaks are a source of such gases; a purge sys*m to continually
and automatically expel them is thus assential (ASHRAE, 1992).

3.2.5 Subcoolers

Without special arrangements, a shell-and-tube condenser as in

Figure 3,14 provides negligible subcooling of the contiensed refrigerant
liquid. Whers a specific amount of subcooling is required, it may be
obtained by submerging the lowest rows of tubes in the condensed liquid,
in which case heat is transferred principally by natural convection
(ASHRAE, 1992). Subcooling performance can be improvad by enciosing
these tubes In a separate compartment within the condenser, to obtain the
benefits of heat transfer by forced canvection. If the condenser is multi-
pass, the subcooling tubes shouid be included in the flrst pass to gain
exposure to the coolest water (ASHRAE, 1992). Alternatively, an
altogether separate shell-and-tube subsooler may be used, such as in
Figure 3.15 in which the baffle piates achieve counterfiow of the
refrigerant liquid and water.

Subcoaling benefits are achleved at the expense of the additional heat-
exchanging surface and refrigerant charge required. An optimum design
should be based on these opposing factors (ASHRAE, 1892).
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Figure 3.15 Harizontal Shell-and-Tube Sukcoolsr

3.26 Expansion Valves

The function of an expansion valve is to automatically drain away ali
refrigerant liquid from the condenser, as fast as it is generated, and feed
this to the evaporator at the required, lower pressure. Expansion devices
are most commonly of the float type, controlling the position of a needle
valve, as shown in Figure 3.16. Alternatively, sets of orifice plates are
used by some manufacturers.

i, i
INLET 3
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Figure 3.16 Typical Float-Type Expansion Valve
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327  FHackaged Machines with a Multi-Stage Centrifusal Compres sor

The isentropic head. and hence the pressure rive, thvough a singie
centrifugal compressor stage is timted by fo factors: the neay to
maintain high eficiency, and the reed to imit imgalizr T3 spaae o Hm
mecharical stressas in the impeller (ASHRAL. 109 Gospay, 1032 e
Yhere difficulty is thus expenenced it achwving the requiredt pressuie
rise with a single compressor stage, mult-siage compressas can be
eroployed. A muiti-sfage cenuifugal compresser commanty has two or
more impellers ma.nted in the same casing, as shown in Figure 3.17

brelow.

Pl beaneg

Figure 3.17 Two-Stage Centrifugal Compressorts

The amount of stages depends on the pressure ratio required and the
type of refrigerant being handled. Variable inlet guide vanes are provided

1 With acknowledgements 1o Sutzer Bralhers Ltd, Switzerland (Brochure ¢/25.39.06.40 -
x| B4-50 of Procass Engineering and Refrigeration Division).
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at the inftet to the “rat compressor stage. and somstimes ai the iniets ta
subsequent stages as wall, Side inlets to the second and subBeauent
siages ~an he provided to pemiit swdliary flows into these stages. These
auxibiary flows can be either fieun sitde 1oads (Auxiliary refrigerating loads
at higher temperatures). of front economisers m multi-stage refnperating

cyeles. now described.

Whare a multi-stage centrifugal compressor is amployed, advantage may
he taken of this by introducing the same armount of stage . of expansion of
the refrigerant liquid from condensing to evaporating pressure. The flash
vapour generated at each stage of expansion (except the last) is
saparated from the liquid in special open flash chambers, or economisers,
and passed into the side inlat of the corrasponding compressor stage.

A packaged water chilling machine employing a lwo-stage centrifugal
compressor in this type of cycle 18 jlustrated in Figure 3.18. Here, the two
corrgsponding stages of expanszion are implemented by two expansion
valves. An economiser is employed to collect the flash vapour generated
in the first expansion vaive; this vapour is then directed into the side inlet
to the second stage of the compressor

As shown a flash vapour control valve is sometimes fitied in the line to
this side inlet; it is normally fully open. As explained later. its function is to
prevent the pressure it the economiser from falfing too low an part-duties.
The hot gas bypass valve fulfils the same function as for the single-stage
machine. Sometimes, a second hot gas bypass vaive is fitted betwesn

the condenser and the economiser.

The most important advzntage of this two-stage cycle is that the flash
vapour from the first expansion valve is comprassed only from the
interstage pressure hack to final discharge wressure. This reduces the
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irreversibility of the throttling process through the expansion valve (see,

for example, Gosney, 1982); there is thus a saving in compression work.
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Figure 3.18 Machine with Two-Stage Centrifugal Comprassor
and Economiser
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Tha amount of flash vapour, expressed as a fractlon A of the refrigerant
flow-rate through the evaporator, Is

A= ey — Pecw (3-223)

Reeye = hex-u
where hz,,, and hgq,, are the enthalpies of the liquid and vapour,
respectively, leaving the economiser; and hgy; Is the enthalpy of the
liquid entering the first expansion vaive (expansion valve 1 in

Figure 3.18). The refrigerant-circuit COP, derived froin {3-11c) in exactly
the same way as for the single-stage machine, is

(hEo - hEcta) - s (hHer - hsa)
Mo

COR,, = ~
(Aee — h&% + -—L’l”—‘?—] + A{Ppy ~ Pego)
Miyexa

(3-22h)

where A is given by (3-22a), and my,ye /Miyex2 I8 the ratio of mass flow

of bypassing hot gas to that through the second expansion vaive (the final
one that feeds the evaporator). If, as is hormally the case, thers is no flow
through the hot gas bypass valve, then m,,c =0 and hence COR,

simplifies to

= (Pzo = Pecio) 3-22¢
COF = oo =) + Al ~ o) (8-220)

in most packaged machines with two-stags compressors on South African
gold mines, only the first stage of the compressor is regulated, that is,
squipped with variable inlet guide vanes, Such compressors may have
difficulty In accommodating the reducing load, reducing lift type of part-
duty imposed on them in surface installations.
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As explained in detail by Shone (1983}, the flow and head reduce under
this type of part-duty, and one or both compressor stages ma** thus
approach the surge point. In addition, the unregulated second stage
develops an increasingly greater share of the reducing head. The
interstage pressure batween the two compressor stages therefore falls
toward evaporating pressure, and the pressure in the economiser in
Figure 3.18 does likewise. The difference between economliser and
evaporating pressures can thus fall too low for Expansion Valve 2 in the
figure to pass liquid refrigerant from the economiser into the evaporator at
the required rate, If fitted, therefore, the flash vapour contrel valve in
Figure 3.18 can be partially closed under such duties, raising econiomiser
pressure above Interstage pressure ar J so avoiding this problem,
Without such a flash vapour control valve, the only recourse is fo bypass
hot gas if the machine must operate at such extreme part-duties.

The required temperature lift and thus the pressure rise sometimes justify
using three-stage centrifugal cumpressors, such as in underground
instaliations where refrigerant condensing temperatures may approach
60°C. In such cases, three corresponding stages of expansion and thus
two sconomisers are used, with a resultant further saving in compression
work. The refrigerant circult of such a machine Is deplcted in Flgure A7.1,
Appendix 7, and the refrigerant-circuit COP for no hot gas belng bypassed
is given by (A7-3a) in that appendix.

3.2.8 Amangements of Conventional Water Chilling Machines within
Installations

In installations with conventional packaged water chilling machines, itis
undesirabie for the water chiiling plant to comprise just one machine, as a
breakdown means that all refrigerating capacity is lost. Hence two or
more machines are generally employed. For logistical reasons, itis
preferable that all machines be identical in make, medel and capacity.
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As mentioned in Chapter 2, water chilling plants can accommodate
variations in duty in two ways. They can accommodate;

] minor variations by regulating the capacities of their operating
machines, and sharlng total duty equally or unequally;

«  major variations by altering the amount of operating machines.

The load imposed on the water chilling plant can vary because of
variations in incoming water temperature, chitled water flow-rate, or both.
How the plant shares its total duty amoing its machines depends on which
of these variations dominate. if it has to alter the amount of operating
machines, the question arises of how best to connect these machines in
the chilled and heat-removing (condenser) water circuits. The discussion
here follows van der Walt (1979).

The variation In water chilling load may be primarily due to changes in
total water flow-rate, with entering and leaving water temperatures
comparatively constant; an example would be an underground installation
supplying water for distributed air cooling. Here, the evaporators and
condensers of all machines (presumed identical) in the water chilling plant
may be connected in parallel in their water circuits, as lllustrated In

Figure 3.19. As the load on the plant changes, machines can be brought
into or out of operation as required.

On the other hand, the total water flow-rate may remain essentially
constant, with the variation in water chilling load being primarily due to
changes in entering water temperature; an example would be a surface
installation with a pre-cooling tower, supplying chilled service water,
Here, the evaporators of the identical water chilling machines can be
connected in series, as shown in Figure 3.20.
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Figure 3.20 Water Chilling Machines with Water-Circult
Connections in Series

Water is thus chllled in two or more steps. As the load on the water
chilling plant changes, the entering water temperature will alter, and
machines can be brought into or out of operation as required.

In Figure 3.20, there are two reasans for connecting the candensers In
series-counterflow, that is with their heat-removing water flow in the
opposite direction to the chilled water flow through the evaporators. First,
at design duty, the lift {the difference between evaporating and
condensing refrigerant temperatures) is approximately the same for each
machine, As the machines are identical, this ensures that each machine
operates under as nearly identical conditions as possible, and close to its
point of optimum efficiency. Second, chilling water in two or more steps
by this series-counterflow arrangement is an approximation to the ideal
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Lorenz cycle for chilling water, shown in Figure 3.3. Other things being
equal, the COP of this water chilling plant is therefore considerably better
than if water were chilled in one step only.

The plant control philosophy normally shares minor variations in load
unequaily between operating machines, regulating the machine
performing the final step of chilling to accommodate such variations, but
keeping the athers at full capacity. If so, the duty of this final mashine, or
lag machine as it is often termed, is different from that of the others,
termed fead machines. For example, if the duty on the plant is one of
reducing lead, reducing lift, the duty of the lag machine will also be such,
but those of the others will be ones of constant load, reducing lift. As
noted previcusly, if tive machines have a two- {or multi-} stage centrifugai
compressor with variable inlet guide vanes on the first stage only, the lag
machine may theretore not be able to accommodate exireme part-duties
of reducing load, reducing lift without closing its flash vapour control vaive
or bypassing hot gas.

Where the water chilling load varies due to major changes in both total
water flow-rate and entering water temperature, such as for a surface
instaliation providing bulk air cooling and service water chilling, the
evaporators of the water chilling machines can be connected so that 2
palr of evaporators in series operate in parallel with another pair of series-
connected evaporators, as shown in Figure 3.21.

A major reduction in water flow-rate (such as when the bulk air cooling
plant ceases to operate in winter) is accommodated by bringing one such
pair of series-connected machines out of operatlion; a similar reduction in
entering water temperature is accommodated by bringing one machine in
each serles-connected pair out of aperation. Only one machine operates
when there are major reductions in both water flow-rate and entering

water temperature,



93

¥

1

e
[ | [T chimng
Evap. Evap I_ e, o] Evep. machhes

Lo

h
=

Figure 3.21 Weater Chilling Machines with Water-Circuit
Connections in Series-Parallel

3.3 Custom-Built Machines with Screw Compressors

As mentioned earlier, the second class of large-capacity water chilling
machines on mines is of custorn-bullt machines employing screw
compressors. As explained later, these compressors may frealy be
connected In parallel; this permits greater flexibility in the refrigerant
circuit, which may incorporate muitiple compressers, evaporators, and
condensers connected in series or parallel. Compared to a conventional,
packaged machine, the refrigerant circuit is thus more extensive and
comieX, and the refrigerant charge Is accordingly greater. The
advantage is that no matter how the heat exchangers are connected in the
chilled and heat-removing water circuits - In parallel, seriss, or series-
paralle! - aff heat exchangers can be connected into one and the same
refrigerant circuit. Hence, as noted for example by Perry (1987b), all the
heat-transferring area in alf heat exchangers can be used all tne time,
thus maximising heat-transferring efficiency, even when not all
compressors are required to run. (The heat exchangers in a packaged
machine, on the other hand, are rendered inopersti. ¢ when its
compressor stops.) Water chilling plants with custom-built machines
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mastly comprise just one such machine, in which case the plant and
machine are synonymous,

Most custom-buiit machines on South African mines are on surface and
use ammonia as the refrigerant (which, as mentioned earlier, does not
lend itself to use with centrifugal compressors).
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Figure 3,22 Custom-Built Maching: "“vaporators apnd
Condensers in Parallel

Figure 3.22 schematically illustrates a custom-buiit machine using
ammonia as the refrigerant. The evaporator block comprises two parallel
banks of open plate-type evaporators (described later), connected in
paralle! in both the water and refrigerant circults, and supplied with
refrigerant liquid fror.: the liguid surge drum shown. The function of this
surge drum is aiso described later. The condenser biock comprises two
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sheli-and-tube condensers, like'vise cannested in paralle! and passing
conadensed refrigerant llquid to the liquid receiver shown. The vapour-
compression block, shown bordered, consists of the expansion valve, the
two screw compressors connected in parallel, and two corrasponding
liquid injection valves; these inject small flows of liquid refrigerant into the
compressors to cool their oil, as described later.

The refrigerant-circuit COP of this machine, derived from (3-11¢) In
exactly the same way as for conventional machines, is

COR,, = Aspe = Pige (3-24)

A S|
m +
LT
(h(P1+P2}D - hspn) + m = (h(PHFZJu - hmo)
irex

wt. .8, referring to Figure 3.22, h,, is enthalpy of the refrigerant vapour,
generated in the evaporaturs, at the outiet of the liquid surge drum;
Piprpae that of the refrigerant vapour from both compressor outlets after

these flows have merged into a common pipeline; h,,,, that of the liquid
refrigerant leaving the condensed liquid receiver; m,.,, and m,,, mass

flow-rates of liquid injected into the first and secon¢ . mpressor
respectively; and m,,,z, . mass flow-rate of refrigerant through the

expansion valve. The liquid injection Into the compressors constitutes an
auxiliary refrigerant flow, and so, analogously to conventional machines
bypassing hot gas, COF,, here depends not only upon enthalpies, but

upen the ratio of total liquid-injection flow to the main refrigerant flow.
This ratic is conveniently termed the figuid Irjection rafio.

Figure 3.23 illustrates an alternative custom-built machine where the
evaporators are in series in the water cicuit, and each Is served by a
separate, dedicated screw compressor in the refrigerant cirewit. Sucha
machine is suited to an essentially variable~temperature load.
Analogously to the water chilling plant of Figure 3.20, minor changes in
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such a ioad are accommodated by regutating compressor capacity; when
the load falls to approximately half the full-duty valus, one compressor
can be brought out of operation.

CONDENSER 1

CONDENSER 2

——— raftlg, flows

» Two Screw
: Compressors

\" Vapoir-compression
. block

® Expansion Vakes :
e
ity Iy PEDiel SRt N _-../_,:
Liquld Liquid :
Surge Drum Surge Drum ;
; {r 4 ¥ 3
-+—a— EVAPORATOR 2 }—— EVAPORATOR 1 j—a-

Figure 3.23 Custom-Built Machine: Evaporators in Series,
Condensers in Parallel

There is one major difference between this machine and all the machines

previously described. As there are two evaporators, and their refrigerant

sides are not connected in paralie! within the evaporator block (unlike

Figure 3.22), fwo refrigerant streams, of diifering mass flow-rates and

properties, circulate between the evaporator block and the vapour-

compression block. Hence the refrigerant-circuit COP, again derived from

(3-11b), depends on the ratios of these differing mass flow-rates to their

sum, as well as on the ratio of the liquid injected into the compressars to

this sum:
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COPR,, = Bysorssoap) — Pure

m +m
tun ¥ Mo o _h
(F1+F2)0 LRe
Mg T e ( )

{3-253a)
Pierpaie = Agsprsoa +

where the symbols are as for (3-24), except that m g and my, .y, are

the differing refrigerant mass flow-rates through the first and second
expansion valves, and

m m
- ua Pspto T LA hgpzo (3-25h)

h =
i SD1+502)0]
Myees + M aexs Myt + Mg

where hgy,,, and g, are the enthaipies of the refrigerant vapour,

generated in Evaporators 1 and 2, at the outlets of their liquid surge
drums.

Finally, Flgure 3.24 lllustrates a custom-built machine where the
evaporators are In serles in the water circuit, but in paraliel in the
refrigerant circult. Unlike the previous two machines, this machine is
installed underground and employs Refrigerant 12. lts oil is not cooled by
liguid injection, but by a water-cooled oil cooler supplied with water from
outside the machine boundary.

The refrigerant-circuit COP of this machine, derived from {3-11c¢) in the
same way as befors, is simply

COP, = Pspo — Fuo. (3-262)
Rpo = Aspo
but here, COP,,, does nof reflect actual COP accurately, considerably

over-estimating this. As explained b.low, the oi In screw compressors
absorbs a significant amount of the heat of compression, so the oil cooling
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load, represented by Q,,yeams i (3-11b), is too large to neglect.’® Again,

Chapter 5 shows how COF,,, may he camected to reflect actual COP.

IR CONDENSER

i

Gl geclar

Liguled
Recaher Screw

Compressor

Expanalon Valve

——<+—| EVAPORATOR 2 |—+—{ EVAPORATOR 1<+

Figure 3,24 Custom-Built Machine: Evaporators in Series i
Water Circuit Only

Beginning with the screw compressor, the components of these custom-
butit machines are now described in some detail.

3.3.1 The Screw Compressor

Large custom-buiit water chilling machines on South African mines almost
exclusively employ twin screvw comprassors, The twin screw compressor
is thus described here,

19 I the magchine of Figure 3.24, the design ofl cooling load is about 13 per cent of the
pawer input to the compressoer; for machines using ammonia, It may be as much &s 30
per cent thereof,
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Screw compressors employ the positive-displacement principle of
compression. A twin screw compressar consists of two intermeshing,
helicaily grooved rotors in a stationary housing with suction and discharge
gas ports or openings, as in Figure 3.25. The lobes of the male rotor
mesh with corresponding flutes in the female rotor. As the rotors turn,
they unmesh on the side facing the suction opening, so gas is drawn
through this opening to fill the space between adjacent lobes. When a
particular interlobe space along the rotors is filled, the rotor tips bounding
this space move past the suction opening {point X in the figure), so
seaiing this space. As the rotors continue to rotate, they pass point Y in
the figure and then begin to re-mesh on the side facing the discharge
opening, progressively reducing the space occupied by the gas and thus
compressing it. Compression continues untit the rotor tips pass point Z,
whereupon this interlobe space apens to the discharge opening, and the
continued rotation of the rotors expels the gas into this opening.

Rofallon
{ow)

Figure 3.25 Sectional Side View of Twin Screw Campressor
{Carrier Corporation, 1981)

During this remeshing process, a fresh charge of gas is drawn through the
suction opening on the opposlte side. For axample, with four male lobes
rotating at 3 600 RPM, four interiobe volumes are fliled and give 14 400
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discharges per minute. Since the intake and discharge processes overlap
effectively, the gas flow is smooth and continuous for practical purposes.
In screw compressor: (or refrigeration, the female rotor is normatly directly
driven by the male 1otor on a light oil fiim provided by oil injection,
described further below, Frequently used lobe combinations are 446,
56, and 5+7 (male + female). Rotor m«files, clearances and other
mechanical design features are optimised for specific temperatures,
pressures, speeds, and wet (oil-injected) or dry operation (ASHRAE,
1992).

The degree of compression within the interlobe spaces 5 determined by
the location of the suction and discharge ports. The built-in volume ratio
¢, of screw compressors Is defined as the ratio of the volume of an
intertobe space at the start of the compression process to the volume of
the same Interlobe space when it first begins to open to the discharge
port. The jocation of the disch irge port thus determines thls volume ratio.
Corresponding to ¢, there is a builtdn internal pressure ratio IT, given by

I1, = @], where n s the index of polytropic compression. The vaiue of n

depends on the refrigerant being compressed and fhe conditions of
compression (Gosney, 1982).

Only the suctiol. pressure and the built-in volume ratio of the compressor
determine the internal pressure achieved before opening to discharge.
However, the actual discharge pressure, and the ratio P, /P, of the
pressures at compressor outlet and inlet, are determined by the
condensing anu evaporating temperatures In the machine which the

compressor serves. Any mismatch between the internal pressure ratio IT;
and the actual pressure ratio £, /P, resuits in under- or over-compression

losses and lower efficiency (see, for example, Gosney, 1982 : 74,309).
The ratio of the minimum polytropic comy ession work when the pressure
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ratio equals IT, to that at the prevalling pressure ratio P, /F, is called the
built-in efficiency m,, and represents the unavoidable loss when these

ratios differ - even were the internal compression process reversible,
which it is not. Gosney (1982) shows that n, is given by

I ) (G b
) [n/(n - 1)I(P[n-1l.f-'1 - 1] o+ [(PQ/F’,) - (p"]f{p

(3-27)

Figure 3.26 plots the varlation of this built-in efflciency with prevailing
pressure ratio £,/F, for three values of built-in volume ratio ¢, commonly
furnished by manufacturers. The curves peakat ., :1when F,/F, =1I,.
Once the losses in the infernal compression progcess, mechanical losses,

etc. are added, these curves become those of isentropic efficiency, with
the same basic shape (see, for example, ASHRAE, 1992 : 35.19).

Peltropic Compression Index i = 1,15

— Valumo Ratio: 2,6
—Vnlane Ratio: 3,6
—Yolume Ratk: 5,0

1 2 3 4 5 L] 7 & -] 10
Prevalling Pressure Ratlo

Figure 3,26 Varlation of Bulli-In Efficiency of Screw
Compressor with Prevalling Pressure Rafio
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Isentropic efficiency of a screw compressor, therefore, depends strongly
on the matching between prevailing pressure ratlo and built-in internal
pressure ratio I1,. Figure 3,26 shows that the efficiency falls less rapidly
from its peak for F, /A, > 11, than for the other way round, The built-in
volume ratio is thus normally specified so that IT, Is somewhat lower than

the most frequently encountered prevalling pressure ratio.

{n contrast to isenhtropic efficiency, the volumetric efficiency of a screw
compressor - that is, the ratio of inlet volumetric flow-rate to the rate at
which its rotors sweep through the volume of their Interlobe spaces - is
almost constant, decreasing only silghtly with increasing prevailing
pressure ratio (ASHRAE, 1992, efc.). This is prineipally due to increased
leakage between the rotors and the casing. Thus a screw compressor is
a virtuaily "constant-valume™ machine - it will maintain a virtually constant
inlet volumetric flow-rate regardless of the prevailing pressure ratio,
mechanical limitations? and power rating of its driving mator permitting.
Fundamental mathematical models of the screw compression process
have been developed, However, as noted by Stosic et al. (1992), the
accompanying phenomena stich as leakage, oil injection (see iater) and
heat transfer between gas, rotors and casing cannot e: sily be
represented analytically, and are approached differentl, in the varlous
models. As these phenomena influence actual performar. e to a large
extent, predicted performance still has to be confirmed by test.

Unlike a centrifugal compressor, a screw compressor cannot surge, Also
unlike centrifugal compressors, screw compressors may be freely
connected in parallel in refrigerant circuits, as small differences in
prevailing pressure ratio (due, for example, to different lengths of suction
and discharge piping) wiil not affect how they share duty.

20 such as allowable discharge temperature and fiexjon of the rotors at high preasure
ratlos.
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Usually, in compressors equipped with a capacity-regulating siide valve
{see later), the radial dischzige port is located in the discharge end of the
slide valve. A short slide valve thus gives a low volurie ratio, and a long
slide valve a higher volume ratio. The difference in length basically
locates the discharge port earlier or later in the compression process.
Manufacturers customarily make compressars with three or four discharge
port locations and thus volume ratios, such as the thy .- in Figure 3.28,
that correspond to frequently-encountered operating conditions.

The oil-flooded ftwin screw compressor is the most common type used in
refrigeration and air-conditioning. Oil-flooded compressors generally
have oll supplied to the compression area at a volume rate of aboui 0,25
to 0,5 per cent of the displacement volume. Part of this ofi is, of course,
used for lubrication of the bearings and the shaft seal. The oil s normaily
injected Into a closed intarlobe space, through either ports in the movable
slide valve or stationary ports in the casing, The ol fuifils three primary
purposes: sealing, cooling and lubrication. it also tends to flil any leakage
paths around the rotors, thus keeping volumetric efficiency high., Much of
the heat of compression is transferred from the gas to the oil, keeping
typical discharge temperatures below 90°C, which aflows high
compression ratios without risk of the oll or refrigerant breaking down,
The mass flow-rate of oll injected Into the compressor depends primarily
on the desired discharge temperature. Oil also protects the rotor contact
areas through lubrication (ASHRAE, 1982; Gosney, 1882).

Oil injection is normally achieved by a separate oil pump generating an oll
pressure of 200 to 300 kPa over compressor discharge pressure, and
absorbing 0,3 to 1,0 per cent of compressor motor power, Sometimes oil
is automatically injecied without a pump; thls is possible due to the
pressure difference between the il reservolr (which is exposed to
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discharge pressure) and the reduced pressure in the interlobe spaces
during the compression process (ASHRAE, 1992},

Oil injection, of course, requires an oil separator to remove entralned oil
from the high-pressure refrigerant vapour leaving the compressor.
Separation equipment routinely gives less than 5 ppm of oil in the
circulated refrigerant (ASHRAE, 1992). A small proportion of the oll
leaving the compressor will be in vapour form; this cannot be
mechanically frapped In the oll separator, and thus passes into the
refrigerant circuit. Suitable oil recovery devices must therefore be
incorporated into the refrigerant circuit to extract this oil and return it to
the compressor (ASHRAE, 1990).

Since the oll absarbs a significant amount of the heat of compression in
an cil-flooded compression process, it must be cooled to prevent
excessively high compressor discharge temperatures. The oil can be
cooled in a separate olf cooler, and the cooling medium can be water from
the chilled or preferably the condenser water cirguit; air; or liquid
refrigerant. Where the heat from the oil cooler Is refected separatsly and
independently from that from the condenser, the condenser can be
reduced In size Ly the amount of the oil cooler capacity.

An alternatlve oll cooling methed is by direct injection of fiquid Into the
compression process. The amount of liquid Injected is normally controlled
to maintain the discharge temperature at a specified value, Some of the
injected liquid mixes with the oil and leaks to lower-pressure interlobe
spaces, where it tends to raise pressures and reduce the amount of gas
that the compressor can draw in, Also, any liquid that has time to absorb
heat and change to vapour must be re-compressed to discharge pressure,
which increases net power requirement. Compressors designed for such
oil cooling have liquid injection ports as late as possible in the
compression process to minimise these capacity and power penaities.
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Typical penaities are in the 1 to 10 per cent range, depending on the
compression rafic (ASHRAE, 1892),

Ligquid-injection oil cooling is especially convenient when ammonia is the
refrigerant, The mass flow-rate of liquid to achieve the required cooling is
small, due to the high latent heat of ammonia {see Table 3.1), and

capacity and power penaities are correspondingly small.

Ideal capacity modulation for a screw compressor should afford
continuous modulation down to less than 10 per cent of capacity, and
good part-capacity efficlency. Variable compressor speed and variable
compressor displacement are the best means of achieving this. With
constant-speed drives, variable compressor displacement by means of &
slide valve is the most common capacity control method used.

Sucilen Dpaning X,

Slde-valve
CLOSED

Blow Cul
Port

Figure 3.27 Slide \/alve Unloading Mechanism (Carrier
Corporation, 1981)
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Such a valve has a sliding action paraliel to the rotor bores, as illustrated
in Figure 3.27. Depending on its position, it allows a variable portion of
the gas drawn into the interlobe spaces at suction to pass back to the
suction area through the biow-out porf shown. Only when the rotor tips
bounding a particular interlobe space move past the point V in the lower
dlagram of the figure is this space sealed and compression begun. The
discharge port in such compressors must consist of an axial part as weil
as a radial part: this is because the slide valve moves the radial discharge
port towards the discharge end of the compressor upon unioading, thus
gradually closing it and reducing the radiaf area avatlable for gas
discharge (Gosney, 1982). The axial discharge port is designed to
achieve a velume ratio giving good part-capacity perfermance without
prejudicing efficient full-canacity performance.

............................

For water chililng applications, prevailing pressure ratios are unilkely to
exceed 3, so, as may be seen from Flgure 3.28, It is appropriate {o select
a low bullt-in volume ratio, typically 2,2 to 2,6. Figure 3.28 shows, for
such a screw compressor, the variation of built-in volume ratio and
isantropic efficlency with capacity as the slide valve reduces this.

As mentioned earller, at fulf capacity, the bullt-in volume ratio ¢, is the
t. ninant factor determining isentropic efficiency. However, at part-
capacity, the internal geometry of the compressor changes and losses
other than that due te mismatch of the internal and prevalling pressure
ratios become more dominant (Lundberg, 1980).

In Figure 3.28, the graph of {sentropic efficiency against capacity Is for
Rer.igerant 22 at a constant pressure ratic of 3; the inlet and outlet
pressures are kept constant during capacity reduction. If the pressure
ratio is allowed to decrease at part-capacities, a hetter part-duty efficiency
is obtained.
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Figure 3.28 Variation of Built-in Volume Ratlo and Isentropic
Efficiency with Capacity Reduction in a Twin

Screw Compressor {Lundberg. 1980)

3.3.2 Evaporafors

......................

Plate-type heat exchangers are customarily used with custom-built
machines, A diagram of an open-plate type of evaporator, known as a
Baudelof cooler, and its auxiliary equipment is given in Figure 3.29 below.

This evaporator consists of a number of parallel vertical plates, externally
corrugated. The water being chilled is dicit buted uniformly over the top
of these plates, and flows down their outside surfaces by gravity to a
collection pan below. The water is chilled by refrigerant evaporating
inside these plates, Unlike the shell-and tube evaporator of Section 3.2.3,

these plates cannot act as their own refrigerant reservoir,2! so the

21 This Is because the mass of bolling refrigerant In these plates decreases with
increasing load, as vapour then occupfes more of their limited internal votume,
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auxiliary equipment shown in Flgure 3.29 is necessary to perform this
function, as now explained,

refigerant vapour lo compBsEsors)

uqQirp
L SURGE DRUM

Al W
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Water collecting pan I

Figure 3.29 Baudelot Open-Plate Evaporator and Auxiliary
Equipment

The inlets and outlets of these plates pass into man#olds which are
connected into the bottom and top, respectively, of a refrigerant liguld
reservoir termed a surge drum. The platzs are thus fed with liquid
refrigerant by gravity from the bottom of this surge drum. This refrigerant
hails inside the plates, which have limited internal volume, and thus expel
a two-phase mixture of liquid and vapour through their outiets. The
difference in density between this leaving two-phase mixture and the
entering single-phase liquid provides the necessary driving force to
circulate the refrigerant through the plates; this means of circulation is
known as the thermosyphon system, The mixture of liquld and vapour is
returned Into the top of the surge drum, where the liquid portion falls out
and returns into the main body of liquid therein. The vapour outlet of the
surge drum is positioned to ensurs that only liquid-free refrigerant vapour
passes otit of this drum and inte the compressor.
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The advantages of an open-plate evaporator over the shell-and-tube type
are:

o water can be chilled to nearly 0°C, as any Ice forming on the plates
will not damage them;

o (in theory, If the water does not form a hard scale) the plates are
easily cleaned;

o flexibility; capaclty can be adjusted by adding or removing individual
plates.

The auxiliary equipment needed, consisting of the surge drum, piping,
manifelds ana water distributing and collecting pans, is considerable,
though. Moreover, the arrangement of open plates occuples much more
floor area than an equivalent shell-and-tube evaporator,

......................

Closed-plate heat exchangers, which can be used either as evaporators
or as condensers, consist of a stack of corrugated metal plates provided
with ports for the sassage of the two flulds invelved. The plates are fitted
with gaskets w'ich seal the channels and direct the two fluids into
alternatlve chani.els, as seen in Flgure 3.30, True counter-current,
turbulent flow occurs,

Agalin, auxiliary equipment, namely a surge drum and a thermosyphon
refrigerant-circulating system, as in Figure 3.29 (or refrigerant circulating
pumps) is necessary. The advantages of closed-plate evaporators over
shell-and-tube ones are:

s they are mare compact (apart from the auxiliary equipment);

s Itis especially easy to adjust capacity by adding or removing plates
to or from the stack;
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e very high heat transfer coefficients are obtained, as the swirling
motion imparted to the fluid by the channels assures turbulent flow at

very low Reynolds numbers of between 10 and 400 (Saunders,
1988},

o gg for open-plate evaporators, they can chill water to nearly 0°C.

In addition, unlike open plate evaporators, they can easily be connected
in series, as the water flows remain confined in closed circuits.

Figure 3.30 Closed-Plate Heat Exchanger?

22 with acknowledgements to Alfa-Laval, Swaden (Brochure PB 87025E, 88-06, "Heat
Exchangers in Refrigerant Systems"}
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3.3.3 Condensers

Custom-built machines can use shell-and-tube condensers, evaporative
condensers or closed-plate heat exchangers, as in Figure 3.30, as
condensers. Again, auxiliary equipment in the form of a condensed liguid
receiver is necessary for such closed-plate condensers, ai e plates
cannot act as their own refrigerant reservoirs.

3.3.4 Expansion \aives

Expansion valves feeding the cold liquid surge drums in custom-built
machin®s, as in Figures 3.22 and 3,23, generally have the function of
maintaining a constant ligquid level in these vessels, mainly to ensure
adequate refrigerant circulation in thermosyphon systems. Since this
liquid tevel is likely to be very distlrbed because of the bolling action in
the evaporator, a separate float chamber Is provided for the float or other
liquid level sensor. This chamber is connected to the evaporator by
balance plpes of comparatively small bore, so that a steady level is
maintained in this chamber,

3.4 Performance of Machines under Part-Duties

Whather a water chllling machine is of the conventional or custom-built
class, there is a complex interdependence between the performances of
its components, These components are generally designed for optimal
performance at the design duty (full duty) and other conditlons specified
by the mine, and are matched to each other at this duty, if operating
conditions are considerably different, particularly under part-duties, such
altered conditions may improve the performance of certain machine
components, but simultaneously worsen that of others, so machine
performance is na longer necessarily optimal. 1t will be seen in Chapter 6,
for example, that for a constant water chilling load, enhancing heat-
transferring efficiancy of an evanoratu, by minimising water-side fouling
may cause compressor efficiency to deteriorate, and thus actually worsen
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the COPI Another example, as already noted, is that a machine with a
multi-stage centrifugal compressor with varlable intet guide vanes on its
first stage only (termed a *first-stage-regulated" compressor) may have
difficulty in accommodating extreme reducing-load, reducing-lift duties,
and hence be compelled to bypass hot gas to avoid surge - thus again
reducing the COP. Thus, In general, every componsent of a machine must
possess good efficiency throughout the range of possible machine duties
if the desirable goal of gaod machine efficienicy throughout this range is to
be achieved. This applies especialiy to the compressor(s), whose
efficiency should peak at tt e most frequently-encountered operating
conditions, which may diffe) considerably from design full-duty conditions
{Gluckman, 1993), If this is not the case, it is better if possible to alter the
control philosophy of the water chilling pfant to confine the machine to a
narrower range of duties where all its components do possess good
efficiency. As will be illustrated in Chapter 6, this is likely to mean
operating at maximum possible load for conventional machines with multi-
stage, “first-stage-regutated” compressors.
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4. PROBLEMS IN DETECTING UNSATISFACTORY PERFORMANCE
OF WATER CHILLING MACHINES

Fluid cooling installations serving mines must ansure acceptable
temperatures for the underground workfor “=, and hence maintenance of
production. Thus they must operate effectively, that is, defiver the
specified (and preferably the maximum) flow-rates of chilled water and
cooled air at the specified temperatures. As shown in Appendix 2,
running costs of fiuid cooling installations are not significant in the
weorking costs of the South African gold mining industry as a whole. Far
more costly are the penalties of unsatisfactory instaliation performance
and non-availability due to breakdowns, These penalties are, primarily,
endangering the health and safety of persons, because temperatures in
the workings may exceed the safe limits referred to in Chapter 2; and also
losses in production. Hence, from the viewpoint of South African gold
mines, cost-effective operation of fluid cooling installatlons tends to be
operation under whatever conditions best guarantee maximal
effectiveness and full avallability. This may or may not correspond to
operation at minimum running cost; if it does not, there is little incentive to
operate at such minimum cost.

Turning to the water chilling machines - the most complicated components
of fluid cooling installations - it follows that there is a need {o plainly and
unmistakably detect unsatisfactory performance of these machines as
early as possible, in order to promptly remedy the cause(s) thereof and
minim e the consequential cost of such performance to the mine. To
detect unsatlsfactory performance of a machins, it is obviously necessary
to ascertain its operating conditions, and its actual performance under
those conditions. However, ascertaining just actual performance is not
enough: it is also necessary to know what its normal performance {defined
later) would be under the same operating regime, and possibly whtt its
optimal performance would be under the same or an alternative operating
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regime. Only by comparing actual perrormance with this corresponding
normal or optimal performance can the extent of unsatisfactory
performance be established, and hence the causes - whether within the
machine or elsewhere - reliably pinpointed and appropriate remedial
action justified. Two quotes from Hemp {1981) draw attention to this:

"Routine measurements of cooling plant performance must first be
analysed... If these measurements indicate that the plant
performance is deficient, perhaps because of the poor performance
of some of the plant components, it is of some value if an indication
can be given of the expected results should the recommended action
be taken o improve matters, This actlon could, for example, be
cleaning tubes, or increasing water flow-rates. The expected results
can be calculated quite easily by predicting the plant performance
under the new conditions.”

"Cooling plant performance prediction... is in fact a necessary part of
performance assessmett, for it provides a means for predicting the
results of any action taken to improve performance.”

The procedure of comparing actual performance with the corresponding
normal or possibly optimal performance, and evaluating the effectiveness
and quality of the actual performance on this basis, |s termed assessing
site performance. Acfual performance cannot be properly assessed
without a yardstick to compare it with; this yardstick being at least the
corresponding normal performance,

This chapter critically reviews current practice in ascertaining actual
performance, predicting corresponding normal or optimal performance,
and hence assessing actual performance. The chapter first reviews the
well-established standards for testing water chiiling machines, these
standards belng the authorities on ascertaining actual performance
accurately. Almost all of these standards require a simultaneous
confirming test to verify the resuits of the direct or principal test, and the
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methods they specify for these confirming tests are critically reviewed.
The chapter then examines the extent to which these standards are
attainable in routine checks or surveys of perfarmance of machines on
site. It reviews current practice on Snuth African mines here, principally
the confirming checks (corresponding to the confirming tests of the
standards) employed to verlfy the results of the principal check. The
deficiencies of these confirming checks are puinied out.

Turning to the prediction of corresponding normal or optimal perfarmance,
the chapter reviews the methods available for doing this, and concludes
that fundamentally based mathematical modelling, made practicable by
computer, is the most reliable and versatile method. The chapter finally
summarises where current practice In assessing site performance of
machines can be improved, and states where the thesis contributes here,

4.1 Fundamental Concepts and Definitlons

In concept, any technical process can be represented as In Figure 4.1
(Isermann, 1882), with the following quantities:

¢ measurable, time-varying inpuf variables or inputs:

o measurable, time-varying output variables or oufputs, combined with
non-measurable noise from the process (and its controlling and
measuring equipment);

e nhon-measurable process parameters, which are elther constant or
change slowly with the passage of time, and

a measurable and non-measurable, time-varying stafe varfables.

For the process in the generalised water chilling machine of Figure 3.5,
examples of these quantities are given in Table 4.1.
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noise

measurable

inputs

=1 PROCESS | o
messUrabla
outputs

process shate
parameters variables

Figure 4,1 Representation of a Process {Isermann, 1982)

Table4.t Examples of Process Quantities in Generalised
Water Chilling Machine

Process Quantity Examples in Gen. Water Chilling Machine

Measureble Inputs Mass flow-rates and properiles of afl fluid streams entering
throught the machine boundary: e.g. for each entering water
stream, mass flow My Inlet temperature {y,,, , eto.

Flows of work entering through the machine boundary.

Measurable outputs Mass flow-rates and properties of all fluid streams lea Aing
through the machine boundary: e.g. for each leaving water
stream, mass flow-rate m,,,, outlet temperature {,,,. eic.

Process parameters Attributes (specifications) of machine components;

total mass (fermed charge) of refrigarant In machins;
concentrations of contaminants (water, oil, ete.) In refrigerant
charge;

water-side fouling tactors In evaporator{s) and condenser{s).

State vardables Masses of refrigerant reslding in components of machine.

4,1.1 Effectiveness and Quality of Performance

Measures of performance of a water chilling machine, comprising both
measurable and derived quantities, fall into two classes, Measures of
effsctiveness of performance are measurable quantities like chilled water
flow-rate and outlet tamperature, and derived quantities like water chilling
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load. Measures of quality of performance are measurable quantities like
input power, and derived, characteristic quantities like COP.

41,2 Normal, Design, Optimal and Satisfactory Performance

The performance of interest in a water chilling machine In a mine fluid
cooling installation is the sfatic performance; the time constz* ** of the
machine components which store mass’ and energy are of the order of
minutes, whereas the inputs generally vary far mere slowly over time.
Dynamic effects on machine performance are thus usually of relatively
short duration? and negligible.

Normal perform ~ncee is static performance when all process parameters
and state variables are at their specified design values, regardiess of the
Inputs, Design performance is normal performance when the operating
regime is at design specil ~~ . - that is, all inputs are at their specified
design values and the contiv, pnilosophy is at design specification.

Optimal performance is static performance when all measures of
effectiveness and quality of performance satisfy specified criteria of
optimality. (The process parameters and state variables are not
constrained to be at their deslign values.) From the mine's viewpoint, as
mentioned above, the criteria of optimality are most likely to be the
specified or maximum delivery of chilled water, at the specified or lowest
possible temperature, without jeopardising machine effectiveness and
availability. Other criteria such as minimur running cost or optimal COP
are not likely to be adopted if they conflict with this.

Satisfactory performance is static performance when, for the prevailing

operating regime,

1 Here, of Hiquid refrigerant and ofl,

2 Examples are shorl-term disturbance.. uue to stariing or stopping machines, adjusting
sgulating devices in step fashlon, etc.



(a)

(b)
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the measures of effectiveness of actual performance correspond,
within pre-agreed tolerances, to those required - or approach them
as closely as the machine's specifications and the achievable limits
of its process parameters permit, and

the measures of quality of actual performance correspond, within
pre-agreed tol- nces, to - or ara better than - the normal values,
that is, the values which would obtain under corrasponding normal
performance.

Assessment of Performance

Therefore, in order to assess whether actual performance is satisfactory,

1)

2)

actual performance must be ascertained with acceptable accuracy;
that is, all measurable quantities must be ascertained accurately
anougn so that the uncertainties in the measures of actual
performance are small enough for it o be meaningfully compared
with corresponding normal (or optimal) performance; and

corresponding normal (or optimal) performance must be either
known in advance or predicted, with sufficient aceuracy for actual
performance {o be meaningfully compared with it and so assessed

for satisfactoriness.

Where one ur both criterla for satisfactory performancs are not met, actual

performance is unsatisfactory, Some discrepancies between actual and

normal measures of performance are then outside the pre-agreed

tolerances and fall short of the requirements of the mine, and are thus

judged as unacceptable shortfalls in performance. Unless these shortfalls

are wholly due to an ofi-design operating regime 3 the undesirable values

3That is, some inputs being at off-design valuas; the control philosophy not belng at
design speclfication; or both of these.
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of state variables or process parameters, termed faults, partially or wholly
causing these shorffalls must then be Identifled and remedied.

4.2 Ascertalning Actual Performance
421 Concepts and Definitions

In a routine check or survey of site performance of a water chilling
machine, the principal measurements are those used to directly derlve the
required measures of performance, The princlpal measures of
performance are the measures of effectiveness and quality of
performance so darived.

The principal measurements in a routine survey of a generalised water
chilling machine (Figure 3,5) are those of flow-rate and inlet and outist
temperatures of the water streams being chilled; and electrical input
power to the compressor motors and all auxiliary davices. The principai
or apparent measure s of performance - apparent water chilling load

D Qe + @ppaTent mechanical input power 3 W,es, and apparent COP

> Quuzsp/ > Wis, - are derived therefrom. Additional measurements are

normally taken for two reas. ns;

1) to verify the prit. Ipal measures of performance and hence the
principal measurements. Such additional measurements are called
confirming measurements;

2) to provide more complete information on the process, both in
themselves and by enabling non-measurable process parameters or
state variables to be estimated if required.

The simultaneous confirming measurements made are of.

o flow-rate and inlet and outle: tamperatures of the heat-removing
water streams passing through the condenser block; the apparent

heat-removing water load " Q,cs, is derived therefrom;
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° refrigerant pressures, temperatures and sometimes flow-rates? at a|!
points in the refrigerant circult which are key points in the
refrigerating cycie S

4.2.2 Standards for Testing Performance of Water Chilling Machines

Woell-established international standards, referred to below, are the
authorities in reliably and accurately ascertaining the performance of
water chilling machines. All these standards ascertaln performance by
testing under controlled conditions: that is, measurements are made under
conditions artificially held steady, within tight tolerances, for the purpose
of ascertaining performance with high aceuracy. Also, some operating
conditions may be set at specified values. In contrast, when checking the
operating performance of machines on site, the prevaiilng conditions are
nelther altered nor artificlally held steady. Isermann (1982) concisely
axplains this difference between checking and testing:

"Fault detection in processes can be effected by checking or by
testing. When 'checking’ is referred to, it is understood that
particular actual values during operation are examined to see if they
are within a certain tolerance of the normal value... 'Testing' means
checking by means of certain artificially intraduced test signals,
circuits or measurements.”

Morrover, when testing a machine according to a standard, alf measuring
instruments must meet the specifications of that standard and have their
calibration certifled. On the other hand, routine checks or surveys of
performance must rely on the available, infrequently calibrated, site-fitted
instruments except whare facilities exist for quantities to be measured by
more frequently calibrated, portable instruments of better accuracy.

4 As mentloned on page 65, Chapter 3, sensors to measure refrigerant flow-rates are
seldom fitted. This will be elaborated upan In Chapter 5.

8 Other quantitles appropriate to the machine, for example oif levels and temperatures In
the compressor lubricating oif circult, ars of course also measuread.
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Nevertheless, as a reference point, it is helpful to examine the provisions
of the various established standards for ascertaining the performance of
water chilling machines by testing. These standards are:

1)

2)

8)

4)

5)

Air-Canditioning and Refrigeration Institute (ARI) Standard 550-92,
“Standard for Centrifugal and Rotary Screw Water-Chilling
Packages" (AR, 1992);

BS 7120, “British Standard Spaciflcation for Rating and Performance
of Air to Liquid and Liguid to Liquid Chilling Packages” (BSI, 1989);

ASHRAE Standard 30-78, “Methe-!s of Testing Liquid Chilling
Packages" (ASHRAE, 1878); and the superseding ANSI/ASHRAE
Standard 30-1995, “Method of Testing Liquid-Chilling Packages®
(ASHRAE, 1995),

IS0 Recommendation R816, “Testing of Refrigerating Systems”®
(1S0, 1968);8 and

two parts of the draft international standard, 1SO/DIS 916, intended
to replace 1SO R916:

e 1SO/DIS 9 341, "Refrigeration Systems - Test Methods - Part 1.
Testing of Systems for Cooling Liquids and Gases Using a
Positlve Displacement Compressor” (ISC, 1992);

e |SO/DIS 918-3, “Refrigeration Systems - Test Methods - Part 3:
Testing of Systems for Cooaling Liquids and Gases Using a
Turbocompressor” (IS0, 1984).

Ali these standards and draft standards do make the abovementioned

principal measurements, and derlive net refrigerating capacity, COP, and

other principal measures of performance therefrom. The principal

8 And the relevant DIN Standard, DIN 8876 (1972), "Lelstungsprifung von Verdichter-
K#temaschinen®, which |s identical 10 1ISO Re18.
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measuremenis are collectively termed the principal (or primary) test. In
addition, all standards except BS 7120 (BSI, 1989) require a simultaneous
confirming test, consisting of additional measurements which are used to
derive the required measures of perfarmance independently and
indirectly. These Indirectly derived measures of performance are then
used to verify the corresponding, directly derlved ones of the principal
test,

Table 4.2 Methods for Confirming Test in Standards

Method for Confirming Test Meaasures of performarnce indirectly
derived using:
Condenser energy balance methed apparent heat-removing water load
{IS0, 1968; 180, 1952; 1994; }" Quyasp 5 refrigerant-clrcuit enthalples;
ASHRAE, 1978) ~
auxlllary heat flow-rates and power [nputs

Overall energy balance method Q : apparent Input power S W,
(IS0, 1968; |SO, 1992; 2. Qeas 2P 2 Whez,
ABHRAE, 1878, 1995; ARI, 1992)
Rafrigerant flowfquantity method refricerant-cirouit enthalples; refrigerant mass
{150, 1968; IS0, 1882, 1884, flow-rates

ASHRAE, 1878}
Compressor energy balance method szp : refrigerant-circuit enthalpies;
(180, 1968} auxiliary heat flow-rates and power inputs

Table 4.2 above lists the prescribed methods for the simultaneous
confirming test.” These conflrming methods are now critically reviewed.
Following this, the requirements of these standards on accuracy of
measurament, test procedures, process parameters and instrumentation

are reviewed,

--------------

Condenser energy balance method. This presumes accuracy of
measurements in the water circuits of the condenser block and the

7 |n addition to the methods In this table, the 1I30/DIS draft standarde (180, 1892, 1994)
inclutle one based an the refrigerant mass or volumetric Row-rate determined from a
separate test of the compressor under reference cond'tions. This method Is omitted here
because it Is generally not sultable for site testing or checking, where varying conditions
are encountered.
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refrigerant circuit. Single refrigerant flows m,,o; and m,., entering and

leaving the condenser and evaporator blocks are assumed. As described
in Appendix 3, the method uses the apparent heat-removing water load

> Quicse (termed condenser water load by the standards}), and

refrigerant enthalpies derived from pressure and temperature
measurements in the refrigerant circuit, to estimate the refrigarait flow-
rate my,qg through the condenser block:

+ +
m(erB = Z Q(W icEp E:(W_lc::ﬂ Z (?(SWB ( 4.1 a)

where b, and hgg, are the refrigerant enthalpies at the inlet and outlet
of the condenser block; and > Q,cq Is the estimated net heat flow

entering its external surfaces from its surraundings.

The refrigerant flow-rate m,,,s, through the evaporator block is estimated

nexi. As showri in Appendix 3, this is given by the general relation

h = m . hegr — hc& . COP{!'I
e nee hEEo - hEﬁl T+ COF},.}

{(4-1b)

where hgg, and hg, are the refrigerant enthalpies at the refrigerant outlet
and inlet, respectively, of the evaporator block, and COF,,, is the

refrigerant-circuit COP of the machine as defined by (3-11c).
Finally, the confirming value of net chilling capacity, ZQ(W}EBO , is given by
> Quujzse = Minealltess ~ hewr) ~ 2. Quissvosy ~ 2, Qrea {4-10)

where ¥°Q,,z5 Is the estimated net heat flow into the external surfaces of

the evaporator block from its surroundings.
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Overall energy balance method. This presumes accuracy of
measurements in the water circuits of the condenser block and of
measured input power. Here, (3-7¢) is merely rearranged to yleld the
confirming value of net chilling capacity, > Q, jeze » from the apparent
heat-removing water load 3" Q,eq, and the input power 3 W, derived

from the principal test (ISO, 1968 : 16; IS0, 1992 : 35; ASHRAE,
1978 : 8):

22 Quisse = =2 Qwyoep = 2. Waoep = 2. Quewcarme =~ 2 Qo (4-2)

where ¥ Q, is the net heat flow into the external surfaces of the

complete machine from its surroundings.

A modern variant of this method is found in ARI Standard 580-92 (AR},
1992) and ANSI/ASHRAE Standard 30-1996 (ASHRAE, 1995), Here,
using (8-7¢), a “per cent heat balance” is calculated, Ignoring

Y Quewosisy 8Nd 3 Q) *

22 Qe *+ 2 Wheap + 2. Quico <100 (4-3a)

% heat balance =
ZQ{w Jc8p

For the principal test to be acceptable, this per cent heat balance must be
within the following tolerance:

833,3

% tolarance =105 - 0,07(‘%’:1.) + m
FL

(4-3b)
where FL Is rated full-duty water chilllng load, and DT, is the water
chitling range - the difference between inlet and outlet water temperatures

In degrees Calsius - at this full load. Figure 4.2 shows that this tolerance
thus increases for bath decreasing fraction of rated full-duty load and
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decreasing water chilling range (when the accuracy of measuring this
range must decrease),

]

Water chiing range:

40%

35%

30% 1 —e— 20°C
g 2% ¢ —o—15°C
g 20% 1 —— 0
S o b v

10% f ~—a—— 3

5% 4

0% 4 ; ;

0% 0% 40% 60% 280% 100%
% of Full Load

Figure 4.2 AR Standard 550-92 and ANSI/ASHRAE
Standard 30-19895: Tolerances for Heat Balance

Compressor energy balance method. This method invelves no water-
circuit measurements; it presumes accuracy of refrigerant-circuit
measurements and measured input power. Only 150 R916 (180, 1968)
includes this method; as discussed in Appendix 3, it does so non-explicitly
and anly for machines with single-stage compressors, However, as
shown in Appendix 3, the method Is not limited thereto; it is applicable to
any vapour-compression block, with single- or multi-stage compressors,
provided that single refrigerant flows m,, ., and m,e; (as for the

condenser energy balance method} enter and leave the condenser and
evaporator blocks. The refrigerant flow-rate m,g,; through the evaporator

block is given by, as derived in Appendix 3,
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2 Wieap + 2, Qurweaqms)

m{ — CO.Pt . _Z Q{W]{Wﬁ} - ZQ{W]CB(VGB} + ZQ(G}'J‘CB
r r

(4-4)

hEBo - hEﬂi‘

where 3 W, Is the apparent input power and 3" Q,yes IS the net heat
flow into the external surfaces of the vapour-compression block from its

surroundings. Ztheac is then obtained by (4-1c).

Refrigerant flow/quaniity method. This presumes accuracy of only the
refrigerant-circuit measurements. Here, refrigerant flow-rates entering or
leaving the evaporator block are measured directly by quantity or flow
meters, and, in conjunction with refrigerant enthalpies, used to calculate

2 Quiese bY (4-1c) above. Alternatively, refrigerant flow-rates entering or

teaving the condenser block are measured and checked for sufficiently
close correspondence with calculated values derived from the principal
test,

Condenser and compressor energy balance methods. First, as already
noted, these methods assume single refrigerant flows entering and
leaving the evaporator and condenser blocks of the machine being tested.
This assumption is not true for the generalised machine of Flgure 3.5, so
It is not always true for the water chilling machines subsequently
described in Chapter 3. in particular, it is not true for conventional
machines when hot gas is being bypassed or any other auxiliary
refrigerant flows occur, Neither is it true for the custom-built machine of
Figure 3.23 .8 for example. The condenser and compressor energy
balance methods are thus not universally applicable unless extended to

8 Hare, each evaporator |s served by its own compressor, so two refrigerart streams, of
differing mass flow-rates and properties, enter and Jeave the evaporator block.
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cater for muttiple refrigerant flows entering and leaving the evaporator and
condenser blocks,

Second, as seen from (4-1b) and (4-4), these methods require the
refrigerant-circuit COP COF,,, and hence all the measurements in the

refrigerant circuit needed to calculate this. Some such measurements
must be of refrigerant mass flow-rates where COR,, depends on these? in

addition to enthalpies. As is clear from formulae (3-24) through (3-26) for
the custom-built machines discussed In Chapter 3, the amount of
measurements needed to calculate refrigerant-circult COP increases with
the complexity of the refrigerant circuit. Only where alf such
measurements can be made can the condenser and compressor energy
balance methods be used.

Finally, these methods presume accuracy of measurements in the
refrigerant circuit. Fortunately, accurate measurements are generally
easier to assure here than in the water circuits, because the refrigerant
circuit is a closed circuit, and thus tess subject to detrimental processes
caused by continuously infiltrating contaminants.

Condenser and overall ensrgy balance methods, These methods
presume accuracy of measurements in the water clrcuits of the condenser
block. As seen later, it is thus unwise to use them for routine surveys of
machine performance, where accuracy of seme such measurements,

particularly of water flows, may not be assured,

2 More precisely, COF,, depends on ratios of auxlifary to maln refrigerant flow-rates, as

noted in Chapter 3, page 84, See, for example, (3-24) for the custom-built machine of
Figure 3.22. Where the refrigerant flow-rates needed to evaluate such ratios are the
same as those required by the refrigarant flow/quantity method, it is of course simpler to
use the latter methed directly.
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....................................

All the aforementioned standards require that the instrumentation used
must be of specified accuracy and be calibrated both before and after the
test. The principal measurements must be of the accuracies given in
Table 4.3 below. Here, it is important to note the difference in philosaphy
between 1ISO R916 (IS0, 1968) and the other standards., The others
explicitly specify allowable uncertainties for the individual principal
measurements. 1SC R816 does not do this; instead, it specifies allowable
uncertainties in the final results (that is, in measures of performance), and
leaves the instrument accuracy to be selected accordingly.

Table 4,3  Accuracies Reguired by Standards for Principal
Measurements

Quantity ISO R&M6 ISO/DIS 916 and | ASHRAE 30 and
BS 7520 ARI 650
Water flows - +1% +1% within range of
_ flows measurad
Temperatures to to achieve 40,1°C 40,08°C10

determine heat flow juncertainty of +7%
toifrom water aircuits | in chllling capacity

Electrical to achleve +1% of measured 10,5% of reading
powsr/energy fnput  Juncertainty of 5% 1 value
in measurement of
power absorbed

For all standards except ISO R916, the uncertainties accordingly
achieved in the directly derlved water chililng capacity are calculated per
Appendix 4 and depicted in Figure 4.3. As seen, accuracies of £5 per
cent or better in water chilling capaci-v car. he achieved provided that
water chilling range is 3°C or more, % a water chilling range of 5°C or
more, accuracies of £3 per cent or better can be achieved. These
accuracies are, of course, far better than those required by ISQ R916.
ISO R916 states, though, that iis recommended accuracies apply to

10 Eor ASHRAE 30-78 (1978), The superseding ANSI/ASHRAE 30-1895 (1995) refers to
ANSI/ASHRAE Slandard 41.1-1986 for the required accuracy.
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“normal industrial tests”. As will be seen later, this standard is the only
one attainable in routine surveys of performance of machines.

3

—-IS0/MDIS N8, BS 7520

[ —ASHRAE 20-78, ARt 560.92

€
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Acctracy in Water Chilling Capasity
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Watler Ghilling Range (°C)
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Figure 4,3 Accuracles in Water Chilling Capaclty Yielded by
Standards

............................................................

IS0 R918 (18O, 1968) and the 1SO/DIS draft standards (IS0, 1892, 1994)
require the water chilling range to be at least 3°C. The ISO/DIS draft
standards likewise require that the heat-removing (condenser) water must
rise in temperature by at least 3°C.

Progess paramefers. All standards require the refrigerant charge to be
correct, non-condensable gases to be removed, and the content of
compressor lubricating oil in the liquid refrigerant not to be excessive.

Positioning of instruments: refrigerant circuit. Where both pressure and
temperature of refrigerant are to be measured, the standards require
these measurements to be made at the same point (cross-section).
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Positioning of instruments: water circuits. To ensure that net (i.e. useful)
water chilling capacity is r asured, the ASHRAE and ARI standards
(ASHRAE, 1978, 1995; AR, 1992) stipulate that if chilled water is used to
cool the compressor motor or for some other incidental functional use
(e.g. cooling the compressor oil), then temperature and flow-rate of chilied
water must be measured at points beyond (i.e. further from the evaporator
than) such take-offs and returns, as illustrated in Figure 4.4.

auxiliary usa of
water being chilled
{e.g. for oii cooling)

T}\ (m) .
L

R -_}.J.‘...._“__ s R——
e

) ()

I.’ o ‘}II o 'wﬁt a_;-ﬂ_ ST ‘.
| g _tolrigorant fows |

EVAPORATCOR

{m) ; water tiow measuring point
{ l') : sorrectly placed water temp, maaisuring point

(‘L:) : Incorrectly placed water temp. measuring point

Figure 4.4 Pasitioning of Temperature and Flow-Rate
Measuring Points in Chilled Water Circuit to

Measure MNet Chilling Capacity

ASHRAE Standard 30-78 and ARI Standard 550-92 also stipulate that if
condenser water is used fo cool the compressor moter or for some other
incidental functionat use (e.g. cooling the compressor oil), then
temperature and fiow-rate of condenser water must be measured at points
ahead of (i.e. closer to the condenser than) such take-offs and returns, so
that the measured heat load reflects gross condenser heat rejection. This
is illustrated in Figure 4.5. ASHRAE 30-78 presumably stiputates this to
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ensure accuracy in the confirming test by the condenser energy balance
method. 1432

meo
-
e
CONDENSER e _.___.__*_,_*-.i
- i ol
&y
‘—:&::L-m;e:rm o _' alll\i"ar;" useof
s TBftigEraNE flows 1 condarnser water

....................... (e.g. for oll ceciing)
{m) : vaater flow measuring point
( ¢ 1 corectly placed water temp (neasuring aoint

i:',t.) : incorretly placed waler temp. measuring polr {(this measures
=7 total heat rejection into condenser water)

Figure 4.5 Positioning of Temperalure and Flow-Rate
Measuring Points jn Condenser Water Circuit to
Measure Gross Condenser Heat Rejection

Accuracy of confirming measurements. The standards require accuracies
of confirming measurements to be as in Table 4.4 below.

Steadiness of conditions during test. The standards limit deviations from
specified values of certain quantities as in Table 4.5 below.

11 if the water flowerate and temperature measuring points are beyond such take-offs and
retuims, the auxillary water flows passing through these take-offs and returns pass
through the condenser's thermodynamic boundary. In applying the condenser energy
balance methed, the net heat load due to such auxillary water flows must then be taken

Into account as thwmcvcm in (A3-2), Apnendix 3,

12 [t 15 not clear why AR! 550-82 makes this stipulation, becauss It prescribes only the
overall energy balance method as the conflrming test. ANSI/ASHRAE 30-1985 also
presoribes only this method, which Is presumably why It siipuiates the opposite - namety
that temperature and flow-rate of cm Jianser waler must be measured al polnts beyond
such take-offs and returns. so that the measurad heat load refiects "gross heat refection”
- i,e. fotal heat rejection into tha condenser water,
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Table 4.4  Accuracies Reguired by Standards for Confirming
Measurements
Cuantity 150 R816 ISO/DIS 816 BS 7520 ASHRAE 3013
| and ARI §50
Temperaturas gradualions 0.3 K +0,1°C +0,08°C
(apart from must permit
water-viruit reading to
fernperatures) +0,5°C
Condensing and  {to permit *1% for abs. -
evaporating caioulating suctan to permit
rafrigerant carrespending | pressure; datermining
pressures temperatures to saturajlon temp.
£0,5°C +2% for other to within
Other refrigerart |- abs, pressures {- 20,14°C
pressures
Tahie 4.5  Deviations Allowed by Standards from Specified
Values of Quantities
GQuantity IS0 918 iSO/DIS 91614 BS 7520 ASHRAE 30
and AR 550
Inlet and outlet  imaximum outlet; 0.2 X |+0,3°C +0,28°C
chilled water permissible {ASHR. 30-78)
temparatures daviations £0,3°C (ASHR.
ghould bs 1ald 50-1005)
down £0,3°C (AR}
Chilled water . 30,2 K - £0,28°C or
temp. range *0,3°C {ASHR)
Heat-remaving inlet: #0,3 K
{condenser)
water
tompsratures _Jd_
Heat-remaving |- #0,2 K - -
fcondarnsar)
water temp,
rarige
[Water flow-i.tes |« 2% - 5%
Electrical suppy - Vollage: +3% [Voltage: £2% |AR! only; i
Current, Voltage: £10%;
frequency: £1% Freq.: 1% j

13 For ASHRAE 20-78 (1978). The superseding ANSI/ASHRAE 30-1895 (1985) refers to
ANSI/ASHRAE Standards 41,1-1988 and 41.3-1989 far the required accuracies of
temparature and pressure measurements respectively.

14 'Greater deviations™, the limits of which are unspecified, are allowed providad that the
difference of the refrigerating capacities obtained by the principal and the confirming
tests does not exceed 15% (ISO/DIS 918-1) or 10% (ISO/DIS 916-3} of {hat obtained by
the principal test. This criterlon Is of dublous validity, though: [t 1s Ikely to be very
diffloult to evaluate what propertions of such percenlage differences are due to
instrument error as opposed to dynamic effects caused by such "greater deviations”.
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Amount of, and interval belween, successive test readings. Stipulations
here are as in Table 4.8.

Table 46  Stipulations of Standards for Test Readings

Quantity ISO R916 ISO/DIS 916 BS 7620 ASHRAE 30
and ARI 660
Sels of readings | at least 10 atleast5 7 consecutive |atleast3
necessary for sets within congecutive
caleulation of tolerated sets within
performance deviations of  {limits of Table
Tabhle 4.6 4.5
Interval batween |max. 20 min. at least 15 min. |10 min. = 10 min.
sicoessive sets (ASHR, 30-78)
of readings ~5 min. (ASHR.
30-1505; ARI)

42,3 Checking Site Performance of Water Chilling Machines

The stipulated test procedures and instrumentation required by these
standards are now compared to the available facllities and feasible
procedures for the routine checks or surveys of machines on site. Itis
quickly sean that it is very difficult to attain the requiremsnts of these
standards, except for ISO R916 (ISC, 1968), In such surveys.

------------

Proper maintenance of the machine will ensure that the refrigerant circuit
is in good order, and that the stipulations on page 135 for its procass
parameters are thus met. Such maintenance, though, is often lacking.

............................

As mentioned above, operating conditions are not artificially held constant
for the purpose of checking performance, and in general do vary.
Elecirical voltage and fraquency, and thus compressor speed, are
generally well-behaved. However, the stipulations for steadiness of the
other quantities, particularly temperatures, in Table 4.5 will not be met
except fur most underground installations, which operate under virtually
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constant diurnal duty, as recalled from Table 2.1. For all other
installations, diurnal variations in load and lift are liable to cause water
temperatures, temperature ranges, or flow-rates to vary more widely than
the standards permit.

This means that measurements have to be taken guickly and
simultaneously, which requires many observers unless fitted
instrumentation records measurements automatically, Often, sufficient
observers are not available, as noted by Anderson and Dieckert {(1990);

“Often, simultaneous temperature, flow and power meastirements
could not be taken manually. Done manually, simultaneous
measurements required ane person per gauge plus one to do
calculations.”

Also, rarely is there enough time during routine surveys to meet the
stipulations of Table 4.6; if manual measurements are necessary, it ls
normally attempted to take at least three consecutive sets of simultaneous
measurements at 5-minute intervals.

.................................

Attention Is next turned to the normally available instrumentation
compared to that required by the standards as listed in Tables 4.8 and
4.4. Fitted instrumentation, of course, is for two purposes: monitoring and
control. Often, one Instrument performs both functions. Particutarly in
conventional machines, the minimum amount of instrumentation is
provded in the refrigerant circuit, unless more and better-quality
Instrumentation is specified when ordering. Site-fitted instrumentation s
often calibrated only quarterly or during annual shutdowns, Departures
from the requirements of the standards are as follows.

Positioning of instruments: refrigerant circult. Seldom are measuring
paints for refrigerant pressure and temperature fitted at the same cross-
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section where both are to be measured. Thermowelis to measure
temperatures at key points in the refrigerant circuit are generally fitted; but
as they are usually meant to give only an approximate indication for
monitoring purposes, they are not always mounted in the best position to
pive the accurate readings reguired by the standards, Refrigerant
pressure measuring points are generally provided for only evaporating
and condensing pressures, and sometimes for economiser pressures and
compressor suction and discharge pressures,

Positioning of instruments: water circuits. Temperature measuring points
in the chilled water circult are sometimes placed in the positions shown as
incorrect . . Figure 4.4 and Figure 4.5. Unfortunately, ihe standards give
no guidance on how to accommodate this possibility. If the evaporator
outiet water temperature measuring voint is positioned incorrectly, this
means that gross, not net, water chilling capacity 1s measured, If the
conds ser outlet water temperafture measuring polnt is positioned
“incorrectly”, total heat rejection Into the condenser water is measured -
{.e. that of auxliary components (such as oil coolers) plus that of the
condenser. This ensures the accuracy of a confirming check by the
overall energy balance method, but can causs serious error in such a
check by the condenser energy balance method,15

Water circuits: instruments measuring femperatures. Fitted temperature~
measuring instrumentation In the chilled and condenser water clrcuits
consists of indicators connected to sensors mounted in thermowelis in the
water piping. These thermowells should be installed correctly.'¢ The
sensors may he thermocouples, thermistors or platinum-resistance types;

15 Unjless such auxillary heat Ioads are taken (nto account; ses footnote 11 on paga 137.

18 Ta ensure that the measured temperatures are the average bulk strear temperatures,
In brief, such thermowells should be of low thermet canductivity, and extend into the
plping for approximatety two-thirds of its dlameter, When installed for measuring outlel
water temperatures of the evaporator and condenser, they should be situated sufficiently
downstream of pipe flltings to guard against stratification (York Divislon, Borg-Warner
Corporation, 1971).
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indicators are analogue or digital. Resolution to iower than 0,1°C iz not
always provided, and if not, these thermometers cannot provide the
accuracies required by 1SO/DIS 916, ASHRAE 30-78 and 30-1995, and
ARl 550-92. Exira thermowells are generally provided to enable
observers conducting manual surveys to use their own portable,
calibrated temperature-measuring instruments. Such portable Instruments
may be of the abovementioned types or he mercury-in-glass
thermometers calibrated for partial immersion, in either case deslirably
having resolutions of 0,04°C and accuracies of no worse than +0,05°C
after callbration.

Water circults: Instruments measuring flow-rates. Fitted water flow-rate
sensors in the water clrcuits are mostly of the invasive type (orifices or
sometimes pitot tubes) generating a differential pressure. Difficulties with
such water flow-rate sensors are well known, but deserve brief
recapitulation. As noted by Anderson and Dieckert (1990), "Water flows
proved to be the most difficult, expensive and critical to measure in the
field."

As is well known (see, for example, Brain and Scott, 1982), the mass flow-
rate of liquid m,,, through an orifice is given by

My = G234f2p(en (AFEH) (4-5)

where C is the coefficient of discharge of the orifice; g, is the cross-

sectional area of the orifice; p,,, is the liquid density at the orifice inlet;
and AF,, is the pressure differential across the orifice. The performance

characteristics of flow-measuring orifices are well established, and if they
are manufactured, installed and used to a standard such as [SO 5167,
they can be used, uncalibrated, to measure flow-rates to within an
uncertainty of %2 per cent (Brain and Scott, 1982). However, their
accuracy is dependent on:
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uccuUrate measurement of pressure differential;

(i) accurate knowledge of the coefficient of discharge; a minimum
uncertainty of £0,8 per cent exists here (Brain and Scott, 1982);

(iiiy maintenance of critical meter dimensions in service, especially
smoothness of the upstream face and sharpness of the inlet edge.
Even very slight rounding of the Inlet edge can cause significant
changes in the discharge coefficient (Brain and Scott, 1982), For
the same reason, care must be taken to avold even slight corrosion,
wear or fouling during service;

(iv) proper location of the meter with respect to other flow-disturbing
elements in the system (performance is affected markedly by
changes in upstream pipework configurations).

Orifice plates for mine use are generally of stainless stes! to minimisy
corrosion; but as mine water typically contains suspended solids (Pulles,
1992), orifice plates suffer wear in service. Also, their rangeability is low,
being tess than 4 to 1 in most cases. This Is because at a quarter of the
flow, it can readily be seen from (4-5) that the pressure differentlal drops
to 6,25 per cent of that at full flow.

With respect to (iv) above, orifice meters are not always installed per
standard recommendations {sometimes it is difficult to do this in tightly
confined spaces, particularly underground), and are sometimes installed
Incorrectly (the wrong way round, for example}, As untreated or
Inadequately treated mine waters are [lable to cause sither corrosion or
scaling (Pulles, 1992), orifice plates and their upstream piping ars also
subject to these. Often orifice plates are serviced, but their upstream and
downstream piping is not, and thus remains corroded or scaled and
continues to disturb the flow pattern,
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Refrigerant circuit: instruments 11easuring temperatures. The same
remarks apply as for instrumants measuring temperatures in the water
circuits. Accurate temperature measurements are needed if accurzie
refrigerant enthalpies are to be determined therafrom.1?

Refrigerant circult: instruments measuring pressui-- . Pressure gauges
are almost always of the bourdon tube typse. The graduations on these
gauges are usually ne finer than in Table 4

LOIWL

Table 4.7  Graduations on Typical Site Pressure Gauges
Fitted to Water Chilling Machines
Graduations on Pressure Gauges
Refrigerant Evaporafor Side (lower Condenser Side (higher
operaifng pressure) nperating pressure)
R11, R123 2 kPag (0,5 psig, or 0 i KkPag (1 psig)
Inch of mercury
vacuum'®)
R12, R22, R134a, 10 kPag (1 psig) 20 kPag (5 psig)
ammonia

Even if such gauges were perfectly accurate, it can be shown from
tabulated refrigerant propertles (for example, IR, 1981) that, with such
graduations, saturation temperatures carresponding to indicated pressure
cannot be determined to an accuracy of better than between +1°C and
'1,8°C in the range of refrigerant pressures siicountered in mine water
chilling machines.’®

Electric power measurements. Integrating watt-hour meters measuring
the electrical energy Input to compressor driving motors are typleally of

17 And mare Importantly, if accurate quantities dependent on such enthalples are to be
derived, The relative magnitudes of the partia) derivatives In Tatle A12.1, Appendix 12
are an example of the sensitivity of refrigerant-circult COP to refrigerant tamperatures.
18 Operating pressures on the fow-pressure side of machines emiploying Refrigerants 11
or 123 are below atmospheric pt s,

18 This range corresponds to saturation *smperatures of between 0°C and 50°C (the
latter belng the condensing temperaturs encountered in some underground Installations).
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Class 2 accuracy. This means that their accuracy will be £2 per cent, as
long as motor power iactor is above 0,5. For lower power factors,

accuracy worsens {(BS), 1979),

Table 4.8  Accuracy of Mesasurement Required by Standards
and Available on Site
Quantity Acruracy of Measurement
Required by 1SC Reqtirad by Cther | Typically Avallable
R916 Standards on Site
Water flows - £1% £2% &t best; worse
regardless at lower-
than-design flows
Tempersiuras to o achleve #0,08°C to £0,1°C | £0,1°C or better
datermine heat flowto | uncerteinty of £79% with partable
or ‘rom water circults | In chilling capacity Instruments
Electrical to achieve £0,5% to £1% =+2%; worse at
powerfenergy Input unceriainty of £5% mator power
in measuremen of factors < 0,5
power absorbed
Temperalures aparl graduations must +0,08°C 10 £0,6°C ] £0,1°C or hetter
from water-clrcult permit reading to with pariable
temperatures +0,6°C instrumerits
Condensing and v 1% for abs. » *2% of full-scale
avaparating refrigerant sutotlon deflection
pressures pressures; £2%
for other abs,
pressures
to parmit » topermit o permits
calculaling corresp. calcutating caloulating sat.
termnperatures o corasp, temperatures to
10,5°C saturatton between £1°C
temperatures (o and +0,6°C
between
+0,14*C and
+0,5°C
Other refrigerant - to permit as above
pressures calculating corresp.
saturatlot
temperatures to
+0,14°C

Standerds Attainable In Sife Surveys

Table 4.8 summarises the requirements of the aforementioned standards

compared to the accuracy of measurement typicaliy avallabie on site. ltis
clear from this table that 150 R918 (180, 1968) Is the only standard
attainable in routine site surveys of performance. IS0 R916 does require
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refrigerant pressure gauges of higher quality than customarily fitted, but
this is easily achieved. It does not require accuracies in measuring water
flow and electrical energy input which are beyond the capabilities of
customary site-fitted instruments, This is because it simply specifies that
the accuracies of principal measurements must be such that the

determination of chilling capacity therefrom is accurate to within 7 per
cent.

The accuracy in measuring water temperatures which will satisfy this
requirement of 1ISO R9186 is calculated in Appendix 4 and plotted in
Figure 4.6 below for assumad uncertainties in water flow measurement of
+2%, +5% and +6%. So, for instance, Iif water flow-rate measurement
uncertainty Is 5 per cent, and water chilling range is 5°C, the required
accuracy of each water temperature measurement is £0,17°C or better.
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F o244 - .| — Flow Measwing Acturacy: 5%
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[+14] + t t A
0 5 @ i 20 25

Wator Chilling Range (°C)

Figure 46 Redquired Temperature Measuring Accuracy for
Uncertalnty of 37% (1SO R916 Requirement) in
Calculated Water Chllling Capacity

According to Figure 4.8, if the water chilling range is at least 5°C and the
accuracy of flow measurement is no worse than +6 per cent, the overall
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unceriainty of £7 per cent specified by 1SO R916 for water chilling
capacity can be attained with a temperature measuring accuracy of
#0,1°C, which is attainable with portable, callbrated instruments.

There is a further reason why SO R916 (IS0, 1968) Is the only standard
attainable in routine surveys of performance. As recalled from Table 4.2,
it is the only one including the compressor energy balance method for the
confirming test. Unless refrigerant flow meters are installed - which is
seidom the case - this method is the best, in principle, for the confirming
check in routine surveys. This is because with infrequently calibrated site-
fitted instrumentation, measurements of water flow-rates are most liable to
error, as most fitted water-flow sensors are invasive types, which are
subject to wear, corrosion and fouling under the arduous conditions
typically prevailing in mine water circuits. As the apparent heat-removing

water load 3" Q,cs, May be seriously in error for this reason, It Is unwise

to use the first two confirming methods in Table 4.2 - the condenser and
the overall energy balance methods - as the confirming check. In contrast
to these first two methods, the compressoer energy balanc~ methad
requires no water-circult measurements. It requires that of ir it power,
and all measurements In the refrigerant circuit necessary to u. tain the
refrigerant-circuit COP COR,,. As noted earlier, the accuracy of

measurements in the refrigerant circuit is more assured, because this
closed circuit is not subject to the fouling and other detrimental processes
affecting water circuits. (SO R916, though, only applies the compressor
energy balance method to a machine with a single-stage compressor (see
Appendix 3), so this method must be extended to conventional machines
with a multi-stage compressor, and to custom-built machines, The
enhanced Thorp method, presented in Chapter 8§, amounts to such an
extension most often.

The other confirming method in Table 4.2 - the refrigerant flow/quantity
method - also requires no water~circuit measurements, but requires one or
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mare refrigerant flow meters, which are almost never fitted.20 It is
therefore concluded that instrumentation normally fitted on site does not
permit attaining the requirements of any standard except IS0 R916 (iSO,
1968). Interestingly, a field testing manual published by a machine
manufacturer (York Division, Borg-Warner Corporation, 1971) relaxes the
requirements of the ASHRAE and ARI standards? in much the same way
as ISO R916.2

In parenthesis, it is strange that ISO R916 (ISO, 1968) is the only
standard to specify the compressor energy balance method, and then only
for single-stage machines. The reason is most probably threefold. First,
as remarked earller on page 133, the amount of measurements needed to
calculate refrigerant-circuit COP increases with the complexity of the
refrigerant circuit. Second if some such measurements are of refrigerant
mass flow-rates, it is simpler to use the refrigerant flow/quantity confirming
method.® Third, including the compressor energy balance method may
simply have been deemed unnecessary in the other standards, on the
grounds that the other confirming methods adequately cater for all but
unusual, rare cases of testing,**

Finally, from the remarks on confirming methods on page 132, it is worth
emphasising that the standards do not provide adequate confirming

20 |f such meters are fitted, this methad can of course be used for the confinming check
Fannin and Hundy (1987) review suitable typas of such flow meters and give guidance
on their Insteliation. Accuracy of most flow meters deterlorates as flow reduces, so the
accuracy of this method reduces commensurately.

21 Obvlously, earlier versions of these standards.

22 For example, by specifylng an overall uncertainty of £5% in water chllling capacity, but
leaving the accuracy of the water flow meter unspecified (although it speclfies the ASME
Power Test Code In the construstion of the measuring arifice),

23 gee footnote © on page 133,

24t is arguable, of course, that it is unreatisiic to expect standards to specify confirming
methods catering for rare modes of operation I conventional machines, such as hot gas
bypass; or to specify confirming methods for custom-built machines, of which thure are
endless variants. The primary purpose of the standards is to lay down methods for
testing well-known designs of machines, such as conventional machines, to verify
attalnment of specified full- and part-duty performance under conditions agreed to
cortractually between manufacturer and user.
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methods for surveying sife performance of machines. First, accuracy of
site-fitted instruments, particularly water flow meters, is not assured, so
ne.er is the reliabllity of the overall epergy balance method. This is
elaborated upon in the next secion and in Chapter 5. Second, the
condenser and compressor energy balance methods require extension to
cater for muftipie refrigerant flows entering and leaving the evaporator and
condenser blocks, Ths enhanced Thorp method, presented in Chapter 5,
represents the best that can be done here in the absence of meters to
measure such flows,

4.24 Current Confirming Methods on Scuth African Mines

Aftention is now turned to the confirming metr~ds currently employed in
routine surveys of performance of water chilling machines at South
African mines.

The overall energy balance for the generalised water chilling macuine,
from (3-7¢), Is

2 Quyen + 2 Waes + 2 Qs + 2 Quercs + 2 Qe =0 (4-8)

The major constituents of this overall energy balance (customarily termed

“heat balance") are evaporator block water load Qe . input power
3 W, and condenser block water load 3 Qycs - The relative heat
imbalance ¢ yielded by the apparent values 3" Quesp « 2 Wics, N0
ZQ{WW of these major constituents, derived from the performance

survey, is computed:

o o ZOomizmn + LWy + 7, Qonioae (4-7)
2 Qe
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if & is within the limits of £5 per cent (following earlier versions of the
abovementioned AR| and ASHRAE standards), the principal

measurements are taken to be acceptably accurate (Burrows, 1982).

The same practice of accepting the principal measurements on the basis
of & w:nall heat Imbalance, commonly termed a “close” heat balance, is
followed elsewhere in the world. All the aforementioned standards except
BS 7120 (B3I, 1988} specify the overall energy balance as one confirming
method. A field testing manual of a major manufacturer (York Division,
Borg-Warner Cerporation, 1871) specifies a heat balance check,
including the effect of the compressor oil canler, Authors of recent
articles on field testing of refrigerating machines {Anderson and Dieckert,
18890; Terry, 1987a; Scrine, 1987) all accept a heat balance within certain
limits as the criterion by which data can be accepted with confidence and
as . .atistically legitimats,

It can be concluded, therefore, that acceplad practice throughout the
world is to rely on a sufficiently closs, or "acceptable” heat balance as the
criterion for accepting the principal measurements as sufficiently accurate.
Ali the aferementioned standards and the above references, though,
specify that all measuring instruments, including water flow meters, must
be calibrated. As already emphasised, site-fitted instrumentation on water
chilling machines at mines s seldom or infrequently calibrated; and where
the calibration of instruments is not assured, an *acceptable” heat
imbalance, by itself, is not a guarantee of acceptably accurate principal
measurements.

The reason, as shown in Section 5.1.2, Chapter 5, is that an "acceptable”
heat imbalance is necessary but not sufiiclent for acceptably accurate
principal measurements. If the relative errors in all apparent constituents
of the heat balance - particularly the cvaporator and condenser block
loads - are similar, then these errors, whether large or smail, will also
bhalance each other, yielding a small heat imbalance which may give an
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entirely false impression of accuracy. An "unacceptable" heat imbalance
does indicate that at least one apparent constituent of the heat balance is
unacceptably in error, but the converse is not true where calibration of
site-fitted instruments, inciuding water fiow meters, is not assured.

......................................

If the heat imhalance g of (4-7) obtained from a performance survey is
outside the limits of £5 per cent, it is judged unacceptable and as
indicating unacceptable errors in one or more of the apparent major

constituents > Quiese » 2 Wics, 80d D" Qs of the heat balance

(Burrows, 1982). In such an svent, the South African mining industry
commonly employs a confirming method known as the Thorp method
{Thorp, 1974) to attempt to identify the most erroneous apparent
constituent. For reasons explained later, this method is confined to
conventional packaged machines, which have one evaporator, one
condenser and one single- or multi-stage centrifugal compressor. The
major constifuents of the heat balance in conventional machines are thus

simply Que: Wige and Q. ; their apparent values obtained from a
survey are denoted by Qg,, Wicn, and Qg,, with g, in the subscripts

deleted for brevity.

Accordingly, the energy balance (assuming that the other terms in (4-6)
are zera or comparatively negfigiole) and COP for a conventional water
chifling machine are

Quje *+Wios + Qe =0 COP & Qe [Wyes (4-8a)
The relations below follow directly:

Qe =Wyos-COP & ~Qyyc GOP/(1+COP)
Wes = Q(w ]E/ CoP = "'Q[w e / (1 +C OF') (4-8b)
Qo = ~Woa (1 +COP) & ~Qye(1+ 1/COP)
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The Thorp method assumes that one apparent constituent Q,, W, or
Qc, is unacceptably in error. First, using refrigerant tables, it determines

the refrigerant enthalpies at all key points in the refrigeration cycle from
the confirming measurements of refrigerant pressures and temperatures.
Next, it calculates the refrigerant-circuit COP, COF,,, of the machine,

using (3-15h) and (3-23c) for machines with a single-stage compressor
and a two-stage compressor respectively. (This is the reason for the
Thorp method being confined to conventional machines; the refrigerant-
circuit COPs given by (3-15b) and {3-23c) are sole functions of refrigerant
enthalpies, and so are determinable once these enthalpies are known.)
COR,, is presumed o accurately reflact actual COP; so then, using

COR,,, in the relations of (4-8b), “alternate vaiues" of input power and

condenser load are calculated from apparent evaporator load Qg,:

Wicsian = Qe /COF, Qugony = ~Qes(1+ YCORy)

Using the relations of (4-8b), similar "alternate values” of evaporator and
condenser loads, and of evaporator lead and input power, are obtained
from Wy, and Q, respectively. The apparent and alternate values of

all three constifuents of the heat balance are finally tabulated as in
Table 4.9,

If the refrigerant-ciroult COP Indeed accurately reflects actual COP, and
all three apparent constituents are accurate, the apparent and alternate
values in Table 4.9 will agree closely. If one (and only one) apparent
constituent is significantly in error, that apparent constitusnt will praduce
alternate values of the other two constituents differing significantly from
both the apparent and the other alfernate values of these other two
constituents,
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Table 4.8  Thorp Method: Tahulation of Apparent and
Alternate Constituents of Heat Balance
Alternate values calculated on the basis of apparent:
Apparent and Evaporator load Input power Condenser load
alfernate valuss of:
Evaporator load Qs Wies, ' COP,y Qg COF,,
(apparent value) {altarnate value) 1T+ COF"(rr
{alternate valug)
Input power Qg, [COR,, Wocsp Qo /(1+COPR,,)
(alternate value) | (apparent valte) | (altemate value)
Condenser load Qe (1 + 'VCOP(r:) Wyos, (1 + COP(,,) Qe
(alternate vaiue) (altemate value) t (apparent value)

Thorp’s own example (Thorp, 1874), where an *unacceptable® heat
imhalance of -7,4% occurred, is reproduced in Table 4.10. Here, the

apparent condenser load produced alternate values of evaporator load

and input powsr which were B per cent above both their apparent and

their other alternate values (see the shaded column in the table).

Morecver, the two alternate values of condenser load agreed with each
other (see the shaded row in the table). It was therefore conciuded that

the apparent condenser load .as most likely to be unacceptably in error.

Cases can arlse, though, where there is no acceptable agreement

between apparent and alternate values of any constituent. This obviously

means that more than one apparent constituent is significantly in error;

but it cannot be concluded from the tabulation alone which two, or

possibly all three, are most likely to be sc. Such an example, where the

heat imbalance was +23,2%, is given in Table 4,11 below, this is from the

survey of the lag machine of Case Study C, Section 5.2.6, Chapter 5.

Finally, cases can occur where the Thorp method draws the wrong

conclusion. An example where the heat imbalance of +5,4% was just
outside the “acceptable” limits of 5% is given In Table 4.12 below; this is
from the survey of the machine of Case Study B, Section 5.2.4, Chapter 5.
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Table 410 Thorp Method: Example 1 (Thorp, 1974

Heat Imbalance: -7, 4%

Alternate values calculated on the basis of apparent:

Apparent and Evaporator load input power Condenser joad
alternate values of:
Evaporator foad, 1497 1 500 1617
KW(R) (apparent value) | (sitemate value: 0,2% | (altarnata value; 8%
above app. value) above app. value)
input power, kKW 372 373 403
alternate value: 0,3% iternate value: 5%
{ beggweap:.t:fealue) (apparent valur) (aaboT: ap::fl;.lua}
Condenser Joad, -1 869 -1 873 -2 020
KW(R) {altarnate value: 7% | (altsrnate value: 7% (apparent value)

below app. value}

helow app. vaiua)

Table 4.11

Heat Imbalance: +23,2%

Thorp Method: Example 2 (Bailey-McEwan, 1921}

Alternate values calcufated on the basis of apparent:

Apparent and Evaporator load Input power Condenser load
alfernate values of:
Evaporator load, 2748 3 447 3768
lternate value; 25% emate value; 37%
KR (apparent value) | O ey | s ape vilag
wput power, kKW 728 914 999
lternate value: 20% alternate value: 9%
(ab:Irm: app. vaaiua) {app arent Vafue) (abo\re app. value)
Condenser load, -3 476 -4 362 -4 768
kW(R) {alternate valua: 27% | (alternate value; 9% (a pparenf Vaj'ug)

helow app. valuite)

below app. value)

Table 412 Thorp Method: Example 3 (Bailey-McEwan, 1290}

Heat imbalance: 5,4%

Alternate values calculated on the basis of apparent:

Apparent and Evaporator load Input power Condenser [oad
alternate values of:
Evaporator load, 32226 27156 33013
alternate value: 16% alternate value; 2%
kW(R) (app arent Vawe) ( helow app. value) (abwe app. valuea)
Input power, kKW 7799 857.2 798,9
{alternate value: 19% (apparent Vafue) {alternate value: 22%
ahove app, vajue) abova app. valus)
Condenser load, -+ 002,5 -33728 -4 100,2
KW(R} (alternate value: 2% | (afternats value: 18% (apparent value)

below app. value)

below app. valus}
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Here, apparent input power produced the alternate values of the other two
constituents (shown by the shading) differing most from their apparent
values. The other alternate and the apparent values of these other two
constituents agreed within 2 per cent. Here, the Thorp method would fthus
conclude that apparent compressor Input power is most likely to be
unacceptably in error. Such a conclusion would be completely wrong; as
shown in the discussion of this case in Chapter 5, apparent input power
was in fact accurate, while apparent evaporator and condenser load were
unacceptably erronsous by similar, farge percentages: +18% and +21%
respectively. These similar errors in the apparent loads, therefore:

a  produced alfernate values of evapnrator and condenser loads which
were similarly erroneous and so agreed closely with the erroneous
apparent values;

o accounted for the "just unacceptable” heat Imbalance of +5,4%; as
noted on page 150 and as will be proved in Chapter 5, they virtually
cancelled in the computation thereof.

Apart from the possibllity of such erroneous conclusions, the Thorp
method has another deficisncy. The refrigerant-circuit COP calculated by
{3-15b) or {3-23c}) for a conventional machine with a single- or two-stage
centrifugal compressor respectively, may not reflect actual COP
adequately for the two reasons noted on pages 64 and 85, Chapter 3.
First, it over-estimates actual COP by neglecting the effect of the
compressor oll cooler. Second, (3-15b) and (3-23c} are invalid if auxiliary
refrigerant flows, including but not limited fo hot gas bypass, are occurring.
For the specific case of hot gas being bypassed, {3-15a) and (3-23b) must
be used. Unfortunately, as seen from these latter two refations,
refrigerant-circuit COP then depends on the mass flow ratio of bypassing
hot gas to liquid refrigerant entering the expansion vaive feeding the
evaporator, and this mass flow ratio is normaliy not measured and thus

not available.
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4.2.5 Desirable Improvements to Current Confirming Methods

The deficiencies of the confirming methods currently employed in routine
surveys of performance of water chilling machines on South African gold
mines can be summarised as follows.

1.  Heat imbalance within £5%. In routine surveys of performance,
calibration of site-fitted instruments is not assured, so a heat
imbalance within £5% is not a guarantee of acceptably accurate
measurements. As already noted and as will be proved in
Chapter 5, large but simifar errors in, for example, evaporator and
condenser block water loads can be present, and such errors will go
undeteed.

2. Heatimbalance outside +5%; conventional machines with no
auxiliary retrigarant flows. First, the refrigerant-circuit COP may be
significantly over-sstimated because the effect of the compressor oil
cooler is neglected. ecor, where more than one apparent
constituent of the hzat balance is unacceptably in error, the Thorp
method may either yield no definite conclusion (e.g. Table 4.11) or,
where two apparent constituents have similar relative errors, falsely
imply that the third such constituent is most in error (e.g. Table 4.12).

3. Heatimbalance outside £5%: conventional machines with auxiliary
refrigerant flows, and custom-built machings. The Thorp methed
cannot be used In these cases, as facilities are generally not
available to measure all quantities required ‘o determine refrigerant-
cireuit COP. The only way of identifying the erronecus apparent
constituents is then to check all site-fitted measuring instruments.

It is clear, therefore, that these current confirming metheds are
unsatisfactory when it is recalled that the whole purpose of a performance
survey Is to ascertain site performance accurately. The confirming
method employed in such a survey should yield independent measures of
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performance; conclusively verify whether apparent performance is
acceptably accurate or not; and also identify any unacceptably erroneous
measurements, or at least give strong indications of such identities.
Moreover, it should perform these functions for all classes of water chilling
machines, conventional or custom-built, under ali their modes of
operation. An alternative confirming method that fullils these functions as
completely as possible s therefore needed for site performance surveys,
taking the reslities encountered therein, such as limitations of site-fitted
Instrumentation, into account.

Section 4.2.4 above concludes that site-fitted instrumentation does not
permit routine perfarmance surveys to attain the requirements of any
standard except (50 R916 (150, 1968), and that the compressor energy
balance method, included in thls standard alone, is the confirming metheod
best suited in principle to such surveys. [t therefore ssems natural to
extend this confirming method, which IS0 R816 only specifies for
machines with a single stage of compression, 1o all classes of machines
on mines in all their operating modes.

The enharcen Trrp method, presented in Chapter 5, does this and
more. it prnduces a confirming value of COP and compares this with the
apparent COPs. This confirming COP is the refrigerant-circuit one,
COF,,. but corrected fo reflect actual COP as accurately as possible.

Then, if any apparent constituent of the heat balance is independently
known to be acceptably accurate, that constituent and the corrected
refrigerant-circuit COP can be used to calculate confirming values of the
other two constituents, so verifying apparent performance. [f that
constituent is apparent input power, which it most often is,% the enhanced
Thorp method amounts to a generalised compressor energy balance

% Generally, apparent input power is more likely to be acceptably accurate than
apparent evaporator or condenser block loads. This is because, as mentloned
previously, water fiow meters of the invasive type are subject to the detrimentai
processes affesting mine water circuits.
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method.2® Where CO~R,, is a function of not just refrigerant enthalpies,

but also of other quantitias, such as refrigerant flow-rates - and these
other quantities are not measured - an indication of the relative likelihood
of unacceptable errors in the apparent performance can still be obtained.

4.3 Predicting Corresponding Normal Performance

As mentioned at the beginning of this chapter, the aciual performance of a
machine is properiy assessed by comparison with corresponding normal
(and possibly optimal) performance, either known beforehand or
predicted, This normal or optimal performance must be available
timeously, and be as accurate as possible. Subsequent actual
performance afier any remedial action should then Justlfy such action,
hence establishing the credibility and value of assessing performance In
this way.

Practicable methods of predicting performance under any possible set of
inputs, state variables and process parameters - these bsing collectively
termed operating conditions - are therefore needed. it Is Important to note
that in the absence of such methads, corresponding normal or optimal
performance is simply not obtained, The only yardstick to compare actual
performance with is then quoted fuli-duty, design performarice {ar, in rare
cases, quoted performance at speclfled off-design conditions). Such
comparison may be valid for installations operating under relatively
constant conditions, such as most underground installations (see Table
2.1); but it is not valid where actual operating conditions differ
considerably from design (or quoted off-design) values. Actual
performance is then liable to be inadequately and superficially assessed,
hence possibly permitting unsatisfactory performance to persist, with all
the penalties this incurs.

28 However, If that constituent Is, for example, apparent condenser block load, the
enhanced Thorp method amounts to a generallsed condenser energy balance method.
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4.3.1 Methods of Obtaining Corresponding Normal Performance

Four options ars available for obtaining corresponding normal
performance;

1) information already available, supplied by the manufacturer, of
guoted normal performance for a range of anticipated off-design
conditions;

2) predicting normal performance on the basis of extensive, accurately
recorded operating data;

3) predicting normal (or optimal) perforniance by comprehensive,
fundamental mathematical modelling;

4) predicting normal performance by simpler fundamenta! modefiing
and limited, accurately recorded, key operating data.

-------------------------------

Upon request, machine manufacturers supply detailed information on
performance under design (specified full-duty) conditions, and sometimes
for a limited set of user-specified off-design, part-duty conditions. Such
supplied information may b2 quite satisfactory for machines with corstant
diurnal and slowly varying seasonal duties, such as those In most
underground installations. Where the duty of a machine varies widely,
though, a limited set of user-specified conditions may not adequately
represent all possible actual conditions encountered, so comprehensive
information on performance over the full range of experted off-design
conditions js required. Manufaciurers are reluctant to supply such
comprehensive information; apart from the considerable extra work
mvolved, it amounts to revealing the complete performance characteristics
of their compressors, which they understandably deem t e proprietary
infarmation.
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Moreover, substantial, permanent changes in machine duty can oceur due
to the unpredictable nature of mining. Example:s are a changeto a
ventilation district resulting in less heat-rejection air being avaitable for the
coaling towers of an underground installation; an installation being
modified; or machines belng moved to another installation with a different
duty, as can happen particularly with underground installations as mining
areas are exhausted and new areas opened up,

For both these reasons, it is unlikely that information supplied by
manufacturers will adequately represent normal performance under all
conditioris to be encountered.

The second option is fo build up an accurate, extensive historical base of
operating data under fault-free conditions, and tise thls to develop a
regression model to predict normal performance.

Grimmelius et al. (1995) report a comprehensive effort in this regard.
They used 8 000 sets of measured data under fault-free conditions in
developing a nine-coefficient linaar regression medel of a custom-built
water chilling machine with twa reciprocating compressors. Inputs were
inlet water temperatures of the evaporator and condenser.2? The outputs
of cutlet water temperatures, refrigerant-cirouit pressures and
temperatures, and compressor driving motor cusrents were predicted with
correlation coefficients exceeding 0,94, Chapter 7 reviews this work in
more detail, as well as that of Pape et al. (1991) in predicting normal
power demand of a conventional water chilling machine by linear
regression.

The option of regression modelling, though, has serious drawbacks in
mining applications. The historical data base must embrace the full range

27 ywater floverates were always constant and thus omitted.
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of expected off-design conditions. If significant seasconal variations in
duty oceur, such a base requires years to build up, and because its data
must be of fault-free operation, a continuausly high standard of instrument
and machine maintenancs is recuired that may be difficult to sustain.
Alse, such a data base must be built up for each machine in an
installation, except where identical machines have identical duties.2

Moreover, regression models are not necessarily valid for operating
conditions outside the range of their data base. Such conditions may
arise when, for example, the aforementioned substantial, permanent
changes in machine duty occur due to the unpredictable nature of mining.
Finally, regression models are based purely on measured input and
output variables and so do not, in themselves, yield values of important
no- -measurable process parametars (e.g. water-side fouling factors) and
stale variables. To estimate these, mathematical models are needed in
any case.

..........................................

If a water chllling machine is comprehensively medeile. -n a fundamental
level, its specifications and the well-known principles of thermodynamics,
fluid mechanics and heat transfer provide enough information to predict its
performance for any given set of Inputs, process parameters and state
variables.

The advantages of such modelling are that it can be used to predict
optimal, not just normal, performance, because the process parameters
and state variables of the mode| can be adjusted. Once a fundamental
model of a water chilling machine is developed, it can be used for

2 [n reallty, the performances of even such machines will differ at least slightly.
Machine components are only "identical” within the limits of manufacturing tolerances,
and some operating conditions {for example, water-side fouling factors) will inevitably
differ somewhat.
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machines with different specifications and of different makes. It can also
be used io predict performance under substantial, permanent changss in
duty. A well-developed, comprehensive fundamental model is thus
versatile, unlike a regression model, which Is specific to a particular
machine. Finally, such modelling is of great aid in fault diagnosis,
because it can estimate the icfual values of important, non-measurable
process paramsters and state variables. Here, the necessity for accurate
fundamental modselling is well expressed by Isermann (1982): "As the goal
is nct only to detert but to diagnose process faults, the process models
shol.« express as clasely as possible the physlcal [aws which govern the
process behaviour.” Comprehensive fundamental modelling, if It can be
made practicable, is thus the most desirable option.

-----------------------------------------------------

------------------

However, comprehensive fundamental modelling may not ke the most
practicable option. As elaborated upon in the next section, such models
are Impracticable if not in the form of computer software, In addition,
fundamental mrdels of some maching components, especially
compressors, may be unavailable, inadequately developed or proprietary.
In such cases, the question arises of whether a simpler fundamental
model, empirically attuned on the basls of minimum data accurately
recorded over the machine's entire operating range, will suffice to predict
corresponding normat performance.

Gordon and Ng (1994, 19985) and Gordon, Ng and Chua (1995) have
developed such a simpler, empirically attuned model - based on
fundamental thermodynamic and heat-exchanger theory - of a machine
with a single evaporator, condenser and compressor as in Figure 3.4.
Appendix 5 summarises the basis and Jevelopment of this model. The
key simplifying assumption is that the internal thermodynamic
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irreversibilities? are dominant: that is, the external irreversibilities of heat
transfer through the condenser and evaporator cause small rates of work
“loss” (i.e. work expended non-usefully) compared to those due to the
internal irreversibilitles. Gordon and Ng (1994, 1995) show, as
summarised in Appendix 5, that this assumption is valid for commercially
available machines using reciprocating and centrifugal compressors for
which data have been reported.

The simplest version of Gordon and Ng's model| applies when the

variations in inlet condenser water temperature 7,,,, and outlet
evaporator water temperature T, are small compared to the variation in

evaporator load Q.. The temperature-independent model, which predicts

a straight-line refationship between 1/COP and 1/Q; , resuits:

1

# C1
COP

Co +—1
0 QE

{4-9a)
where G = 14Ty /[T (Plus an additlonal ferm If passible evaporator
or condenser water-side fouling is taken into account; see Appendix 5)
and G, = (‘?maua?;w et/ Tw1go +Qh-psids)' Uipade ANA Gyuise Are the rates of
work "loss” due to the internal irreversibilities in the low-pressure
{evaporator) slde and high-pressure {(condenser) side of the machine's
refrigerant circuit. C,, the slope of the straight-line relationship, thus

characterises the internal irreversibilities of a particular machine.

On the other hand, T, and 7., may vay appreciably as well as Qg

(as for instance with water chilling machines in surface Installations). As

2 These being throttilng through the expansion valve; non-isentroplc compression; fluid
friction; and heat leaks.
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summarised in Appendix 5, Gordon and Ng (1994, 1995) derive a
temperature-dependent model for such cases:

1 = Hw]c; + "'Co '*'me:c.r - CZ(?EW)GI r‘;Tt.w]Eo)
CoFP Twreo Qs

{4-9b)
where the constants C,, G, and C, charactetise the internal

irreversibilities of & particular machine.

The appropriate model, (4-9a) or (4-9b), is attuned to a particular machine
by determining the constants G through regression analyses of sets of
accurately recorded values of 7,0\ Tis, Qe and COP over the

machine’s entire operating range ((Sordon and Ng, 1994, 1995}, The
attuned model can then be used ta predict COP. Phelan, Brandemuehl
and Krarti (1987) have successfully used these temperature-independent
and -dependent models to predict COP , and hence electrical power and
energy demand, of conventional machines with a centrifugal compressor.
Their results indicate that accurate predictions a-e obtainable with
relatively small data sets, pravided that these span the entire operating
range.

Whether in the form of (4-9a) or (4-9b), this relatlvely simple, empirically
attuned thermodynamic model of a water chilling machine does not predict
water chilling load, but requires it as an Input; has only one output, COP;
and yields no refrigerant ;uantities as outputs. Nevertheless, it appears
to offer two considerable advantages. The first is simplicity and abhility to
predict the performance quantities of Immediate practical and economic
relevance - COP and hence input power, For predicting just these normal
guantities of performance, this model may be preferable to a detailed,
fundamental model - especially for custom-built machines, which are more
complicated than conventional machines to mode! fundamentally in detall.
The second advantage, as elaborated upon in Chapter 7, is ability to
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detect the presence of any fault causing significant changes in rates of
work “loss” due to irreversibilities.

The disadvantages of the model for the purposes of this thesis are
explained in Appendix 5 and summarised as follows, First, as for
regression models, (4-8a) or (4-9b) may not be valid outside the range of
the operating data for which the model has been attuncd. Second, if the
madel is to be used to predict normal performance, the operating data
used to atfune it must be indapendently verified as representing normal
performance. Third, the model cannot generally be directly used to .
predict optimal p=iformance. Finally, the model requires modification,
although this does niot appear difficult in principle, to make it applicable to
th2 generslised machine of Figure 3.5, and hence to the large-capacity
water chilling machines considered in this thesis. Bacause of these
disadvantages, this model is not pursued further, although its advantages
are acknowledged where appropriate. The option of comprehensive
fundamental modeliing is pursued.

4.3.2 Mathematical Modelling of Performance of Water Chilling
Machines

Referring to Isermann's representation of a process (Figure 4.1), the static
performance of a water chilling machine is uniguely determined by the
following quantities:

o measurable inputs. These are flow-rates and inlet ternperatures of
all water streams crossing the machine boundary; and settings of
capacity-regulating devices of compressors.

o process paramelers. These are of three classes:
- fluld propertic.: properties of water, oil and refrigerant;

~  time-invariant machine specifications, comprising the physical
atiributes of evaporators, condensers, compressors and other
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components; and characteristic performance specifications of
compressors, expansion valves, hot gas bypass valves, etc.
Some specifications may be k~wn and others not {like

proprietary comprassor gu.-traance specifications); and

—  unknown, nof directly measurable quaniities, changing very
stowly with ihe passage of time, like water-side fouiling factors
of evaporator and condenser; extent of contaminetion of
refrigerant by oil or non-condensahle gas, etc.

° state variables {such as masses of liquid refrigerant residing in
machine components); for static operating conditions, these will not
vary with time,

There are three difficuities impeding attempts to make fundamental
mathematical modelling of performance under off-design conditions
practicable. The first is that the calculations involved in so pradicting the
performance of a mact ine are complex, iterative and tedious, and thus
impracticable without the aid of a computer (Hemp, 1981; Hemp et al,,
1986; Bailey-McEwan and Penman, 1987, etc.).

The second is that it is seidom sufficient to predict the performance of just
the machine of interest in isolatlon. Referring to Figure 2.2, the
interactions between the water chilling, heat rejection and other plants in
a mine fluid cooling installation (an.J Internal interactions between the
various components in each of these plants) may well necessitate that the
performances of alfl significantly inferacting components, which may well
mean all components in the whole installation, have to be predicted

simultaneously,

Finally, the third and most serious .ifficulty, already briefly mentioned, is
that machine manufacturers generally do not release the detailed
performance specifications - for example, characteristic curves - of thelr
centrifugal or screw compressors, which they regard, understandably, as
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proprietary information. The off-design performance of a machine
employing a centrifugal compressor is sensitive to the precise
characteristic behaviour of its compressor - particularly for multi-stage
compressors where only the first stage has variable inlet guide vanes to
regulate capacity (Shone, 1883), The same holds for machines with slide
valve-regulated screw compressors, As tnentioned in Chapter 3, such
compressors have more complicated internal geometry at part-capacities,
and losses other than that due to built-in volume ratic are more dominant
(Lundhberg, 1980). it is therefore difficult, in the absence of detailed,
accurawd compressor performance specifications, to accurately predict
machine performance under off-design conditions.

Detailed, fundamental, computer-based models of water chilling machines
reporied in the open literature are next reviewed, and the extent to which
they address these difficulties is examined. The use of the CHILLER
camputer program, simulating complets mine water chilling installations,
In the work of this thesis is then justified on the basis of this review.

4.3.3 Computer-Based Models for Predisting Water Chilling Machine
Performance

Computer programs have been developed to predict static performance of
conventional, packaged water chilling machines for any user-specified set
of operating conditions. Programs developed within the South African
mining industry are those of Hemp {1981) and Bailey-McEwan and
Penman (1987). Programs developed elsewhere inciude those of Chi
(1979}, Braun et al. (1987}, Jackson, Chen and Hwang (1987), Wong and
Wang (1989), van Houte and van den Bulck (1994), and larger programs
designed to simulate complete HVAC systems (e.g. the DOEZ2 program
used by Beyene et al,, 1994). in the quest to achieve accurate

performance prediction In the absence of characteristic curves from
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manufacturers of centrifugal compressors, Jifferent approaches have
been adopted,

Braun et al. (1987) have adopted a fundamenta! approach based on
polytropic analysis. For each compressor stage, the impeller blade angle
B, {see Figure 3.8), outlet flow area and “reference polytropic
efficlency™ must be known, Compressor stage performance is then
predicted using (3-15) - expressed non-dimensionally in terms of the flow
and work coefficients of (3-17) - and published, generalised correlations,
representing well-designed centrifugal comprassors, of polytropic
efficiency and work coefficient for actusl flow coefficient and rofational
Mach and Reyholds numbers. These rotatlonal numbers depend on the
properiies of the refrigerant employed. Modelling centrifugal compressor
stage performance in this fundamental way is naturaily the most versatile
approach, inherently able to model the effect of impeller dimensions,
impeller speed and refrigerant employed. Unfortunately, Braun et al.
(1987) developed their model for a variable-speed centrifugal compressor,
s0 it does not mode] the effect of variable inlst guide vanes in regulating a
compressor driven at constant speed.

Most other models are based on isentropic rather than polytropic analysis.
The reason, as discussed in Chapter 3, is that in spite of its shortcomings,
isentropic efficiency depends only on the end states of the process and
hence can be determined from tabulated thermodynamic properties of
refrigerants. Jackson, Chen and Hwang (1887) have predicted the
performance of a single-stage, variable-speed compressor from a
*compressor map”® giving refrigerant mass flow-rate and isentrapic
efficiency as functions of the rotational Mach number, flow coefficient and
Isentropic head coefficient, Unfortunately, they neither provide nor
indicate the source of this compressor map; it is thus unlikely to be in the

0 The peak potytropic efficiency associated with a reference rotational Mach number of
1.1. As notad by 8raun et al., it s typically between 0,80 and 0,85.
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open |terature. This model, like the previous one, has no facility for
modelling a constant-speed compressor regulsied by variable inlet guide
vanes,

Chi (1979) has modelied a constant-speed, single-stage compressor
regulated by variable inlet guide vanes. In the absence of perfermance
curves from the manufacturer, he used an earlier (1972) version of the
map of ASHRAE (1992 : 35.31) of typical performance of a centrifugal
compressor with various settings of variable inlet guide vanes, The
condenser of the machine was connected to a cooling tower, also
modelled. Brief mention is made of use of the modal to simulate two such
machines connected either in series or in parallel.3

Wong and Wang (1988) have modelled a packaged water chilling
machine, also coupled to a cooling tower, with a constant-speed, two-
stage centrifugal compressor, These authors again used an earlier
(1983) version of the map of ASHRAE (1992 : 35.31) of typical
compressor performance with various settings of variable inlet guide
vanes. Because the compressor had guide vanes on both stages, the
economiser temperalure was assumed to always he the mean of fhe
evaporating and condensing temperatures.

Another approach is to estimate the characteristic curves of a centrifugal
compressor from operating data. Van Houte and van den Bulck (1994)
have used this approach in modelling a machine with a single-stage
centrifugal conipressor regulated by variable inlet guide vanes.
Unfortunately, their brief section on modelling the machine3 merely states

A That is, the water sides of the evaporators of the two machines are connected In
series or parallel; It is not stated how their condensers are connected.

2 Thelr paper is moslly concemed with the advantages of the simullaneous equation-
solving procedure over the sequential modular procedurs in solving the equations
describing machfne perfarmance. The correlation of compressor performance is based
on isentraplc analysls, but how It accounts for the setting of the Inlet guide vanes is not
clear.
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that ali internal machine parameters - by implication including the
compressor characteristic curves - were correlated from measurements
during a winter period, Such empirically derived curves, of course, apply
only to the compressor they were developed for, and only within the range
for which data is avallable,

If a machine manufacturer provides a limited amount of information on
compressor performance, a semi-empirical approach may be adequate for
modslling compressors of thaf make on the basis of this information. This
is exemplified by Hemp (1981), who modelled a range of conventional
machines with a two-stage centrifugal compressor - all from the same
manufacturer - as machines with an equivalent single-stage compressor.
All compressors had inlet guide vanes on both stages, The modelling was
done semi-empirically, using compaosite curves® supplied by the
manufacturer, supplemented with data from acceptance tests carried out
at the manufacturer's works. This approach worked satisfactorily for this
range of machines, which were all in underground instaltations, and
seldom operating under loads much below the full-duty value. Thus the
inlet guide vanes were seldom less than fully open. All machines were
modelled with thelr condensers connacted to a cooling tower. The
program was extended to model a machine whose evaporator was
connected to cooling coils; another machine with a combined task of
service water chllling and bulk air cooling; and two machines whose

evaporators and condensers could be connected in serles or parallel.

However, a computer program sultable for the South African mining
industry must be as generally applicable to 21l makes of compressors (and
machines) as possible, and must account for -

33 That is, the manufacturer combined the proprietary characteristic curves for the first
and second stages of the two-stage compressor into one composite curve representing
the characteristic behavlour of the complete compressor - as if it were a single-stage
machine.
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o many two- and three-stage centrifugal compressors in conventional
machines having guide vanes on the first stage only;

o fthe interactions between the water chilling, the heat rejection and
other plants in the installation, and between the components within

each of these plants, in simulating static performance. As mentioned

previously, this may well necessitate simulating the performance of
all significantly interacting components in the installation.

These requirements are met in a versatile, predictive computer program
named CHILLER, developed by the Chamber of Mines of South Africa for
the South African mining industry (Bailey-McEwan and Penman, 1987).
CHILLER models the centrifugal compressor of conventional machines
more fundamentally, using ariificial compressor curves for each
compressor stage, The principal features of these arnificial curves are
specifiable in order to match the curves of each stage of the actual
compressor as closely as possible. A full description of the CHILLER
program, which can predict the petformance of complets, user-specified
water chilling installations, is given in Appendix 16. 1t will be seen in the
next two chapters how CHILLER can ba used for both verifying actual
machine performance and predicting corresponding noermal or optimal
performance, herice enabling actual performance to be assessed.

In parenthesis, it is worth noting that because of the need for bulldings to
be energy-efficlent, versatile routines simulating packaged water chiiling
machines are also likely to be included in computer programs for
designing and simulating complete HVAC systems in buildings. Beyene
et al. {(1994) give a limlted description of orie such program, DOE2, This
Incorporates characteristic curves for centrifupal {and reciprocating)
compressors, supplied by the Lawrence Berkele: _arsratary, University
of California, USA. User-defined curves can w. used instead if avaiiable.
DOE2 can simulate machines connected to a cooling tower, as well as

machines connected in series or parallel,
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Brief remarks will suffice here, as custom-bu’lt machines are not modelled
in this thesis, Generalised software simulating industrial refrigeration
plants, such as that of Cleland and Cleland (1989) seems most
appropriate for predicting normal performance of such machines. Cleland
and Cleland's software simulates dynamlc and static performance of
complex systems used in food refrigeration - incorporating screw
compressors with continuous unloading® - and liquid chitlers. It thus is
certainly capable of simulating static performance of custom-huilt water
chilling machines. The authors state that this software may have wider
application.

Howes (1990, 1992) reports modals of custom-built water chilling plants,
incorporating multiple screw compressors, in two Australian mines, These
models were used in developing optimum control strategies to meet
underground coocling demands. However, the screw compressor
specifications reported are merely curve fits of the full- and part-capacity
performance of particular compressor makes and models, and hence are
obviously limited thereto.

44 Assessing Performance and Diagnosing Faults

Once both accurately ascertained actual performance and corresponding,
predicted normal (o, optimal) performance are to hand, the former is
assessed for satisfactoriness as described in Section 4.1.3 above.

Unless ail shortfalls in performance are wholly due to an off-design
operating regime, the undesirable values of state variables or process
parameters, termed fauifs, partially or wholly causing these shortfalls must
then be diagnosed. As noted previously, process parameters and some

state variables are not measurable. Those process parameters and non-

3 That is, continuous capacity regulation by stide valve,
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measurable state variables constituting faults must be diagnosed either
throug:. estimating such parameters and states, or through known
symptoms or signatures in measured or derived quantities. This fina) step
of fault diagnosis, which Is customarily done manually, 1s reviewed in
Chapter 7. % is highly desirable to automate fault diagnosis, though, in
order to optimise rapid, rellable identification of faults so that burdened

mine staff, who are not refrigeration experts, may timeously remedy them.

4.5 Desirable Improvements to Current Practice

The desirable improvements to current practice indicated by this chapter
can be sumrmarised as follows. The first is an improved confirming
method to rapidly and conclusively verify the apparent site performance
obtained from principal measurements. The thesis provides this in
Chapter 5 in the form of extensions to the Thorp methed, termed the
enhanced and inexact Thorp methods. Where these are inadequate to
conclusively verify apparent performance, Chapter § also illustrates the
use of machine modeiling to do this.

The second is rapid, accurate prediction of corresponding normai and
possibly optimal performance, For this, fundamental, computer-based
mathematical modelling is the preferred approach, because of its
versatility. In this thesis, the CHILLER computer program and an
extension thereto are used, as illustrated in Chapters 5 and 6.

The third is rapid, automated diagnosis of faults causing unacceptable
shorifalls in actual performance. The thesls does not contribul 2 here, but,
In Chapter 7, reviews reported procedures of fault detection and diagnosis
in vapour-comprassion water chilling machines, and shows where its
contributions are of value therein. It suggests that further work is required
in determining the minimal set of measuraments necessary for
unambiguous fault diagnosis, and in detecting unanticipated faults.
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5. ASGERTAINING SITE PERFORMANCE OF WATER CHILLING
MACHINES

This chapter aiternpts to provide the first desirable improvement to current
practice identifieri in Chapter 4 - that of a confirming check in performance
surveys which yields independent measures of performance; rapidly and
conclusively verifies whether the apparent performance is acceptably
accurate; and also identifies any unacceptably errongous measurements,
or at least gives strong indications of such identities.

After introducing some fundamental concepts, this chapter, as indicated in
Chapter 4, shows that an “acceptable” heat imbalancg does not guarantee
acceptably accurate principal measurements. It then presents g
confirming method which, in principle, meets all the criteria stated above.
This is the enhanced Thorp method, based on the refrigerant-circult COP,
corrected wherever necessary to accurately reflect the actual COP. Most
often, this method amounts to the compressor energy balance msthod of
1SO R916 (180, 1968), generalised to all classes of machines in all their
operating modes.

The enhanced Thorp method iliustrates information in lucid, graphical
form. it can verify apparent performance if the refrigerant-circuit COP can
be precisely determined and at least one apparent constituent of the heat
balance is independently known to be accurate. Where these conditions
are not met, an extension termed the inexact Thorp method can still
Indicate the relatlve likelihood of unacceptable errors in the apparent
constituents. Here, howaver, to finally verify apparent performance,
machine model® * has to be used.

Ilustrative case studies of both the enhanced and inexact Thorp msthods
are presented. Finally, case studies of the use of machine modelling to
velify apparent performance and estimate non-measurable process
parameters or state variables possibly constituting faults are presented.
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5.1 Fundamental Concepts

5.1.1 The Heat Balance: True and Apparent Constituents

The true values of the net water-borne heat flows across the machine
boundary into the evapaorator, condenser and vapour-compression blocks,
and of the total mechanical power input, appear in the overall energy
balance (3-7c) for the generalised machine:

2 Quises + 2 Whos + 2" Quuwosiuey + 2, Quuiea + 2, Quatey = 0

As ZQ(,,. weevs; Wl almost always in reality comprise heat rejected

across tha machine boundary from all-to-water compressor oil coolers or

like heat exchangers, it is convenient to define a quantity ZQM m jointly

representing . Queapsg 8Nd 3, Qnes « that is, representing alf heat

rejected via water flows across the machine boundary:
Z Qs = Z Quevosmey + Z Quica {(5-1a)

> Qe I8 termed the rejection load. It reduces to the condenser block
water load Y Qycs Where 3 Quuceus |8 8ither zero or negligible in

comparison.! Using (5-1a), the overall energy balance becomes
> Qugen + 2 Wiea + 2, Qunun + 2, Qe = 0 (5-1b)

o, T Que s negligible compared to the sum of the other terms,

2 Quyes + Z Wygs + Z Qus =0 {5-1c)

1 For screw compressars, oll cuoling load can be up to 30 per cent of input power, as
noted In Chapter 3, ZQ{,W,M is thus riot negligible for machines smploying screw

compressors with al-to-water oll coolers whose water stieams cross the maching
boundary, as In Figure 3.24.
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In reality, of course, EQMEB, EQMW and °W, __ -the true values of

the major constituents of the energy balance, custoinarily termed the heat
balance - are not known. Only the apparernt values, derlved from the
principal and confirming measurements, are availahle. As in the previous
chapter, let these apparent values of evaparator block water load,

mechanical input power, and rejection load be denoted by 3" Qe .

> Wies, » and D" Qg respectively, with the subscripts 4, deleted for
brevity. In general, these apparent values will differ from the true values.
Let them be expressed as sums of the corresponding true values and of
orrors 8Qg,, SWips, and 8Q 5, respectively;

2 Qezp = 2,900 +8 Qs S Wiy = T W +8Wics,

(5-2)
Z Qep = ZQ(w)Ja +8Qugp

As these errors can be positive or negative, the apparent values can be
greater or (ess than their corresponding true values. The re/ative srrors

Nesp» Nyoap @Nd N, In the apparent values are defined as fractions of

the true values:

3Qes, W cep §Quzp
Negp B = Nvosp B =y Ny 8 = — (5-3)
’ ZQ(w 1E8 ZWW‘E ZQ(w)JB
Substituting the definitlons of {(5-2) into (5-1c) above and rearranging, the
sum of the apparent values of the three major constituents of the heat

balance is
S Qezp + 2 Wyosp + 2, Qugp = 8Qegy +5Wiay +8Qus (5-4)

That is, this sum - which is the heat imbalance - is almost equal to the
sum of the errors in the apparent values. It must be noted that, as for the

true values, 3. Qg, and > Wi, are positive, and 3Qq, is negative,
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51.2 The Relative Heat Imbalance

The refative heat imbalance s is normally expressed as a fraction of the
largest constituent of the heat balance, the rejection load. Dividing both
sides of (5-4) by the apparent rejection load,

2 Qe + 2 Woea, e 8Qeap + Wiy +8Qus,

2 Qs 22 Qs

E=

(5-8)

Unless the errors 8Qgg,, 8W,q5, and 8Q, are all positive or all negative,

it can readily be seen that they do not have to be small to achieve an
“acceptable” relative heat Imbalance. If one error is positive and the other
two are negative, or vice versa, all that is necessary to achieve an
"acceptable" heat imbalance is that they cance! out sufficiently.

Therefore, an "acceptable” heat impalance, In itself, Is no guaraniee of
acceptably accurate apparent constituents of the heat balance, and hence
of acceptably accurate principal meastrements.

An attempt is now made to fay down soundiy based limits for an
"acceptable" heat imbalance in routine performance surveys. To do this,
it is first necessary to specify limits of acceptable accuracy for the
apparent major constituents of the heat balance, namely apparent

evaporator block and rejection loads 3" Qgg, and 3 Qg , and apparent
input power Zwvcsp . Chapter 4 concluded that ISO R916 (ISC, 1868)

was the only standard attainable in routine surveys of water chilling
machines. This standard, as noted in Tables 4 3 and 4.8, requires the
following limits of accuracy:

s water chilling capasity (i.e. evaporator block load): 7%

o absorbed {i.e. input) power: +3%
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It is submitted that these limits ar. realistic for mine conditions, and that it
is also realistic to assign limits of accuracy of +7% to the rejection joad.

-------

Let these limits be assigned to the relative errors defined in (5-3) above -
that s, &7% to Nz, and ng,, and £5% 10 Ny, Then what is the worst

passible heat imbalance that can result from worst-case combinations of
thr se acceptability limits? Recalllng from (3-11a) that tha COP for the
generalised machine is defined as

¥ Quyrren
COP g ££.102 5-6
7 e

it Is shown In Appendix 6 that the relative heat imbalance & of {5-5) can
be expressed in terms of the COP, as defined in (5-8), and the relative
errors defined in (5-3):

g

1 , -COP'nm_ nmap +n
ftng | 14 30P  1+COP %

(57}
As the COP is always positive, s will be largest in magnitude when the
first two relative errors inside the square brackets are posltive and the
third negative, or vice versa. For the corresponding worst-case
comblnations of relative errars at their limlts of acceptablilty, Table 5.1
gives the extreme values of relative heat imbalance ¢ yielded by (5-7) for
the range of COPs attained by water chilling machinegs.

As seen, these values of ¢ are almost independent of COP. It is safe,
therefore, to affirm as follows. If the abovementioned limits of accuracy
for apparent evaporator block load, input power and rejection load are
adopted, the relative heat imbalance ¢ must be less than -15%, or greater
than +13%, in order to prove that at least one apparent constituent of the
heat balance is unacceptably In error. (These extreme values of -156%
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and -++13% are best termed unacceptability confirmation limits for the heat
imbalance.) On the other hand, if & lies betwsen these two limits, It is nof
proved that ail apparent constituents, and hence principal measurements,
are acceptably accurate.?2 Nothing can be concluded without further
information (which, as will be seen, the enhanced Thorp methou
presented below can provide in most cases).

Table 5.1  Extreme Values of Relative Heat Imbalance for
Worst-Case Gombinations of Acceptable Relative

Errors
Worst-Case Combinations of Acceptable Relative
Errors

Nggp? +7% Nggy: =7%

Myegps +5% Myegp: = 5%

Nyt ~7% Mgt +7%

COP Relative Heat Imbalance £ (%)

2 -14,34 +12,48
4 14,62 +12,71
8 -1475 +12,81
8 14,82 +12,88
10 14,86 +12,81

Interestingly, the current criterion in the South African mining industry is
that the heat imbalance denotes unacceptable measurement errors if
outside the limits of 25 per cent (Burrows, 1982). In this case, it can
similarly be shown that, for example, ng,, and n,,, must have limits of

+2,5%, and Nyqg, limits of £1,8%. Such limits are unrealistically stringent

for routine performance surveys on mines; the aforementioned ones of
ISO R918 (ISO, 1u38) are preferable.

2 Of course, the closer the heat Imbalance Is to either unaccaptability confirmation limit,
the less likely It |a that all apparent constituents are acceptable.
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5.2 Verifying Apparent Performance by Enhanced That» Method

5.2,1 The Enhanced Thorp Method: Procedure

It is assumed that apparent evaporator block load, rejection load and input
power have been calculated from the measurements of the performance
survey. The proposed procedure - appropriately termed the enhanced
Thorp method - of verifying these apparent constituents of the heat
balance is then as follows.

First, the relative heat imbalance ¢ Is calcufated per (5-5) above:

2 Qo + 2 Woosp
g= +1
2 Qs

(5-8)

If & lies between the unacceptability confirmation limits of -15% and
+13%, apparent evaporator load, rejection load, and input power could all
be acceptably accurate, but this is by no means yel proved, If & is
outside these [imits, at least one apparent constifuent of the heat balance
- and hence at least one measurement - is unacceptably in error.

From (5-1b) and (5-8), the actual COP can be expressed in two ways.
Both involve input powar, The first involves evaporator block load, and
the second, rejection load,

ZQ(l\'l’c'ia COP = "{ZQ(w)JB+_Z:cha +ZQ{M3})

COP =
2 W e ZW s

(5-9a)

Both these COPs, being the actual COP, wlll be identical to each other. If
5 Ques is negligible compared to (Z Qs +2Wm).
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COF =

ZQ( )58 _(ZQ + W )
'w)EB COP &t (Wi vee 5-0h
Zwm Zwmg ( )

The corresponding two COPs calculated from the apparent loads and
input power are termed apparent evaporator-load COP, CORgg,, and

apparent rejection-load COP, COR,,, , and are defined as follows,

= 2.9 _ ‘(Z Qg + Zwvcap)
COFEEB}P ZWWHP COP[JBIP = Zchsp

{5-9c)

The next step is to calculate these two apparent COPs from the apparent
loads 3 Qgs, and 3\Q,, and the apparent Input power 3 Weg, . In

general, because of inevitable errors in measurements, these apparent
COPs will be egual neither to each other nor to the actual COP.

Refrigerant-CGireuit, CQP

The actual COP of the machine must now be estimated from the
independent, confirming measurements taken In the refrigerant circuit, To
begin with, the refrigerant-circuit COP, denoted by COR,,,, is calculatad.

Appendix 7 gives formulae for COFR,, for the key types of conventional,

packaged water chilling machines in use on mines. Refrigerant-circuit
COPs of custom-built machines vary from case to case; (3-24) through
(3-26) in Chapter 3 give COF,,, for the machines illustrated in Flgures

3.22 through 3.24, It [s first necessary, using tables of refrigerant
properties, to determine refrigerant enthalpies at all key points in the
refrigerant circuit from the confirming measurements of pressure and
temperature taken at these points. These enthalples are then substituted
into the appropriate formula for COF,,.
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As seen in Appendix 7, for conventional packaged machines with a single-

or multi-stage centrifugal compressor, COP,, is a function solely of

refrigerant enthalpies at key points in the refrigerant circuit, unfess hot
gas is being bypassed? In this case, COR,, also depends on the ratio of

this hot gas flow to the flow through the expansion valve feeding the
evaporator. For custom-built machines employing screw compressors,

COFR,, likewise also depends on the ratio of any auxiliary refrigerant flows

to the main flow.

.................................................

It is shown In Appendix 8 that if no water flows pass through the vapour-
compression block, and if alf refrigerant flows passing between blocks are
included in the determination of COF,,, this reflects actual COP:

COP =COR,, (5-10a)

However, if water flows do pass through the vapour-compression block
{for example, if the compressor oil coolers are cil-to-water heat
exchangers), or if certain auxiltary refrigerant flows are excluded in the
determination of refrigerant-circuit COP (as may be convenient for
auxiliary refrigerant flows passing through oil-to-refrigerant compressor oil
coolers), it is necessary to correct the refrigerant-circuit GOP for it to
accurately reflect the actual COP,

if all water flows passing through the vapour-compression block, or all
such auxliary refrigerant flows, circulate between the vapour-compression
and evaporator blocks, Appendix 8 shows that actual COP is reflected by

3 Or other auxilary refrigerant flows occur.
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COP = COP(1+ Ryyos)) + Riyesy
5-10b
where R[vcm S Z Q“”EEWGB} ;VZ Q(r.amsa{ma} ( )
> Wi,

and 3 Qumwen I8 the net heat flow into the evaporator block due to all
water flows between it and the vapour-compression block. > Q. .uespos

is the net heat flow into the evapnrater block due to all auxiliary refrigerant

flows exclided in the determination of COF,,, and circulating between this

block and the vapour-compression block.

On the other hand, if all water flows passing through the vapour-
compression block circulate hetween tiis block and either the condenser
block or sources outside the machine boundary - or where all auxiliary
refrigerant flows excluded in the determination of ©N?  pass between

the vapour-compression and condenser blocks -, | -~ ,dix 8 shows that
actual COP is reflected by

COP = COP,,(1+Ryc)

where Ry, = 2 Quuwosimsy ~ 2 Qwicawvesy ~ 2. Qe sniosivesy (8-10c)
o py .
and > Quweoe 1S the net heat flow Into the vapour-compression block

due to all water flows between it and sources outside the machine

boundary. 3" Qucsves IS the net heat flow into the condenser biock due

to all water flows between it and the vapour-compression block.

2 Qrauosves 18 the net heat flow into the condenser block due to all
auxiliary refrigerant flows excluded in the determination of COFR;, and

circulating betwsen this block and the vapour-compression block.

If all terms in the numerators of Ryeg in (5-10b) and (5-10c) represent

heat flows out of the vapour-compression block - as ft. .Jmpressor oll
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cooling loads - Ry Will always be negative and so actual COP will
always be less than COR,,. For conventional machines with centrifugal

compressors, it is sufficient to determine the applicable numerators of
Rives) approximately, as oil cooling load is small compared to Y W, .

For ~ustom-huilt machines employing screw compressors, though, the
applicable numerators of Ryg should be  armined accurately, as oil

cooling load may be as much as one-third of > W, .

.........................................

As shown in Appendix 9, the relative errors ng, and n,, In the apparent

evaporator biock and refection loads can be expressed in terms of the

corresponding appare.t COP; the actual COP, COP; and the efror nyg,

in apparent input power:

_ CORgyy {1+ yep) (14 COR, )1+ thsy) |,
e =—"Cop T s 1+COP Te

These relationships are linear functions, and thus particularly easy to plot
graphically 'n the appropriately named acceptabifify plot. The framework
for this plot is illustrated In Figure 5.1. The horizontal axis represents the

BITOT Ny, in apparent input power, and the vertical axis the errors n1g,,
and 7, In apparent evaporator uiock and rejection load. The limits of

acceptability for these errors are conveniently indlcated on this plot by
dotted lines, the spans between which are termed accepiabilly bands.
These acceptability bands of £7% for the errors in apparent evaporator
block and rejection loads, and £5% for the error in apparent input power,
are shown. The acceptability window in the centre of the plot is where
these bands intersect.

It is assumed that the probability distributions of the errors in apparent
loads and input power are normal with zere means, per the dotted curves
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in Figure 5.1. Significant proportions of the areas undemeath these
skeiched normal probability distributions lie outside the acceptability
bands, reflecting the experiential fact that etrors are often outside these

b. . and hence unacceptabe).
|- AGCEPTABILITY PLOT Fr——
Probabily
Acoagtablity Window Fbwet_!\woptnhﬂly Band Cistributlon of
a5 ~ . v 7T (%) Error &y Apparont
¥ ~ e 5| e
3 A |ogd Accoptabity . . Rafuction Lond
= Band (279%) " i : { thotto scale) |
5 0% . T L N
ﬁ 0% :T, + + + ' !
§ “10% | Raauod Frobabily v
£ Bistribution of Errar in [~ ' : A
& -2 | Apparart Input Fower N T - el
£ (notloscate) | et T \;
-30% X
8% -20% 1% % 1% 208 0%
Brror in Apparent Input Power
Figure 5.1 Framswork for Acceptability Plot

The straight lines resulting from plotting the rel-:tirnships of (5-11) on the
acceptability plot (see Figures 5.2 through 5.7 feliowing fo. examples) are
appropriately termed the evaporator and rejection load error fines.

Substituting (5-11) into (5§-7), the relative heat imbalance ¢ is cbfained as

_ 14z, CORysp ~COReyy

T+ Mgy 1+COP

(5-12)

which shows that & is proportional to the difference between the two
apparent COPs, The closer these two are to each other (but not
necessarily fo the actual COP), the smaller is the heat imbalance, and -
from (5-11) - the closer ng, and n, are. So, the smaller the heat

imbalance, the tloser are the two load error lines given by (5-11).
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An important conslderation is to what extent the inevitable uncertainty in
the corrected refrigerant-circuit COP, used for COP in (5-11), affects tha
conclusions drawn from the acceptabllity plot. it is shown by axample in
Case Studies A through C presented later that for refrigerant temperature
measurements accurate to +0,2°C, and pressure measurements accurate
to 2 per cent of full scale, the uncertainty in corrected refrigerant-circuit
COP was too small to affect these conclusions,

522 Interpreting Positicn of L.oad Error Linas ori Acceptabllity Plot

Examples are now given of typical positions of the load error lines on the
recaptabllity plot, and how these positions are to be interpreted.

Here, both load error lines will be close together, and will pass through
the acceptabllity window for most or all of its width. In Figure 5.2, the
acceptabllity ranges "J” and "E" denote the ranges of error in apparent
Input power where the rejection and evaporator load error lines,
respectively, are within the foad acceptability band, and hence where the
apparent rejection and evapurator loads are acceptably accurate. The
overlap of these two acceptability ranges is the range of joint load
acceptability - that is, the range of error in apparent input power where
both load error lines are within the load acceptability bans and thus
where both apparent ioads are acceptably accurate. This range of joint
load acceptability is also indicated in Figure 5.2; as seen, it is entely
within the acceptability window, and spanning most of its width,

Therefore if, for example, apparent input power is independently known to
be acceptably accurate - that s, to lie within its acceptability band - the
balance of probabilities is .hat all apparent constituents, and hence all
principal measurements, are acceptably accurate. This is the basis for
saying that all principal measurements can be declared acceptabie. ltis
easlly verified that the same concluslon holds if elther apparent
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evaporator block load or apparent rejection load is independently known
to be acceptably accurate. If the apparent input power Is independently
known to be ac ceptably acurate,* the enhanced Thorp method amounts
to verifying apparent performance by the compressor energy balance

method of ISQ R816 (IS0, 1968) generalised to all classes of machines in
alt their operating modes.®
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Figure 5.2 Acceptability Plot: Small Heat Imbalance,
Acceptability of All Apparent Constituents Linely

The principles illustrated in Figure 5.2 are now stated as follows,

A.  An apparent [oad (svaporator or rejection load) is acceptably
accurate for that range of error in apparent input power where the
error line of that load is within the load acceptability band (e.g.
ranges "E” and "J" in Figure 5.2).

4 As menticned In Chapter 4, the apparent irnput pawer is the apparent constituent of the
heat balance most llkely to be acceptably accurate, because it is derived from
messuramerits of electrical quantities, which are not subject to the fouling and other
detrimental processes occuring In water cirouits,

51t amourts to this In principle; in reality, all measurements required to presisely
determine refrigersnt-cirauit COP may not be avallable, as explained later,
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If the two load error lines are close enough to be within the load
acceptability band for overlapping ranges of error in apparent input
power, both apparent loads (evaporator and rejection load) are
acceplably accurate within the range of overlap, termed the range of
Jfoint foad accepiability.

If a load error line passes through the acceptability window,
apparent input power and the apparent load represented by that line
are both acceptably accurate within the range between the
intercepts of that fine with the window.

If a range of jdint load acceptability exists and is partly or wholly
within the power acceptability band {and thus within the acceptability
window), all three apparent constituents of the heat balance are
acceptably accurate for that subrange of joint load acceptability
within the power acceptability band. This subrange s termed the
range of complete acceptabilily. {In Figure 5.2, the enfire range of
joint load acceptability lies within the power acceptability band, and
is therefore the range of complete acceptabillity.)

All apparent constifuents of heat balance acceplable. All apparent
constituants of the heat balance, and hence all principal
measurements, can be declared acceptable i¥:

E.1 arange of complete acceptability exists; spans more than haif
of the power acceptabillty band; and is mostly within the
acceptability window; and

E.2 any one apparent constituent of the heat balance Is
independently known to be acceptably accurafe; that is, its
error is known to be within its acceptability band. (Otherwise,
even if condition E.1 holds, there is no proof that the arrors lie
within the window; they may be outside it.)
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---------------------------
....................

.......

Here, the load error lines will be close together and both will pass through
the acreptabliity window, but at least one line will pass through /ess than
half of this window's width. In the example of Figure 6,3, the evaporator
load error line does this, Just passing through the bottom right-hand corner

of the window,
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Figure 5.3 Acceptablllly Piot: Small Heat Imbalance.
Acceptability of all Apparent Constituents Doubtful

As in the previous figure, the acceptability ranges “J" and “E" denote
where the rejection and evaporator load error lines, respectively, pass
through the load acceptability hand, and hence where the apparent
rejection and evaporator loads are acceptably accurate. The range of
joint load acceptability is also indicated; as seen, it is mostly outside the
power accaptability band. (As seen, the range of complete acceptability is
the minor subrange, within this band, of the range of joint load
acceptability,) Therefore, although it is still possible that all apparent
constituents of the heat balance are acceptably accurate, [t is more likely

that:
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o if apparent input power is acceptably accurate, then at least one
apparent load is unacceptably erroneous (in Figure 5.3, apparent
evaporator load is then most likely too low); or

o [f apparent evaporator and rejection loads are both acceptably
accurate, then apparent input power [s unacceptably erroneous (in
Figure 5.3, apparent input power is then maost likely too high, as the
range of joint ivad acceptability is mostly to the right of the
acceptability window).

-----------------------

Impossible

Here, the two load error lines will be close together, but one or both will
miss the aér:.eptability window; in the example of Figure 5.4, both lines
miss it. The range of joint load acceptability is entirely outside the
window. All apparent constituents of the heat balance cannot be
acceptable; the alternatives are:
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° if apparent input power is acceptably accurate, then both apparent
loads are unacceptably and similarly erronecus (in Figure 5.4, both
apparent loads are then too high); or

e  if both apparent loads are acceptably accurate, then apparent Input
power is unacceptably in error {in Figure 5.4, apparent input power
Is then {oo low, as the rahge of joint foad acceptability is entirely to
the left of the acceptability window}; or

o apparent input power and both apparent loads are all unacceptably
in error. Although relatively unfikely, this remains a possibility.

The next three examples are of large heat imbalances, where the two load
error lines, as shown by (5-12), are thus further apart.

Here, one load error line will pass through more than half the width of the
accentability window. The uther line will be on the opposite side of this
window, either passing through signifieantly less than half its width, or
wholly missing it. In the exanminle of Figure 5.5, the other line misses the
window. This figure also shows the load acceptability ranges *J" and *E’
where the rejection and evaparator {oad error lines pass through the load
acceptabifity band. These ranges do no. overlap, so there is no range of
Joint acceptabitity for the fwo apparent loads. Elther one or both apparant
ioads are therefore unaccepiably in error. The alteinatives are:

a  (most likely) if eithar apparent input power, or the apparent load
whos . err or e p.eas throligh the window is knows to be
acceptably av.urate, then both these apparent constituents are
accaptably ar curate and the other apparant load s unacceptably in
error (in Figure 5.5, apparent input power and evaporator load are
then acceptably accurate, and apparent rejection load is
unacceptably in error); or
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o (less likely) if the apparent Joad whose error line misses the window
(in Figure 5.5, apparent rejection load) is known to be acceptably
accurate, then the other two apparent constiiuents are unacceptabiy

in error (in Figure 5.5, apparent input power and evaporator load are
then unacceptably in error); or

e (least likely, but possible} apparent input power and both apparent
loads are alf unacceptably in error.
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................................................

Doubtful

As faor the previous case, the load error lines will be on opposite sides of
the acceptability window. One line will pass through a quarter or less of
the width of the window, the other, on the opposite side, will either do
likewise or miss the window. In the example of Figure 5.6, both lines pass
through a quarter or less of the width of the window, on opposite sides.
As for Figure 5.5, the load acceptability ranges “J* and "E” do not overlap,
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so either one or both apparent loads are unacceptably in error, The
alternatives are:
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Figure 5.6 Acceptability Plot: Large Heat imbalance,
Acceptabllity of Two Apparent Constituents
Boubtful

o (most likely) only one of the apparent constituents - apparent input
power, evaporator load, or rejection load - s acceptably accurate;

o (less likely) apparent input power and the apparent load whose error
line passes through the window are acceptably accurate. (If both
lines pa s through the window, as in Figure 5.6, apparent input
power and either apparent load could be acceptably accurate.);®

o (least likely, but possiblie) apparent Input power and both apparent
loads are alf unacceptably in error.

8 This ; ".amative is less likely because the acceptability range(s) of the apparent load(s)
whose error lines pass through the window do not extend into the window for more than a
quarter of its width, as seen in Figure 5,8; so at least half of the width of the window (the
central portion) has no load acceptabiiily ranpe present. Hence, if apparent input power
Is knawn to be acceptably acsurate, It is more likely thet nelther apparent load is
acceptably accurate.
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The additional principle iliustrated in Figures .4 through 5 8 is now stated
as follows,

F. At least one apparent consfituent unacceptable, If

° both load error lines pass through the accertability window for
non-gverlapping ranges of error in apparent input power, or

. only one load error line passes through the acceptability
windaw, or

o if the range of joint accaptability of the iwo apparent loads is
entirely outside the power acceptability band,

only two apparent constituents of the heat balance can be
acceptably accurate at once. Hence at least one apparent
constituent is unacceptably in error.

................................

Impessible

Here, as in Figure 5.7, both load error lines will miss the acceptability
window, but will be on opposite sides of it. [t is easily seen that - as for
Figure 5.5 - there is no range of joint acceptability for the two apparent
Ioads, so either one or both of these loads are unasceptably erroneous.
Furthermore, at least two apparent constituents of the heat balance must
be unacceptably in error, The alternatives are:

o if apparent input power is acceptably accurate, then one apparent
load (in Figure 5.7, rejection load) is unacceptably, erroneously high
and the other (in Flgure 5.7, evaporator load) is unacceptably,
erronaously low, or

o if one apparent load is acceptably accurate, then both apparent input
power and the other apparent load are unacceptably in etror, For
example, in Figure 5.7, if apparent evaporator load 1s known fo be
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acceptably accurate, then beoth apparent input power and apparent
rejectioni load are unacceptably, erroneously high; or

o apparent input power and both apparent loads are alf unacceptably

in error,
ACCEPTABILITY PLOT
0%
g
Accoptahiity
20%
: Wind
g [
5 1%
E oo . .
= 2% |
8- - = tvap tond]
B am 1 ——Fa}.Load |
3% 20% -10% % 0% 20% AP
Ersor in Apparent Input Power

Figure 5.7 Acceptability Plot: Large Heat Imbalance,-
Acceptability of Two Apparant Constituents
Impossible

The additional pringiple f Figure 5.7 can be stated as follows,

G. Atleast two apparent constifuents unacceptable. If no load error line
passes through the acceptability window, and there is no range of
joint load acceptability, only one apparent constituent of the heat
balance can be acceptable at once. Hence af least two apparent
constifuents are unacceplably in error.

The usefulness and convenience of this enhanced Thorp method of
verifying apparent site performance of water chilling machines is best
made clear through case studies. Those now described were conducted
by the author between 1983 and 1994, as the opportunity arose,
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Appendix 10 describes the experimental tachnique employed in the

surveys of performance in these case studies.

5.2.3 Case Study A: Acceptable Heat imbalance, Acceptable Principal
Measurements

In the first case study, both the heat imbalance and the principal
measurements turned out to be acceptable. The machine surveyed was a
large single-stage centrifugal machine, employing Refrigerant 12 and of

7 MW(R) rated capacity, situated on surface. This machine was equipped
with a refrigerant subcooler following the condenser, as shown in

Figure 5.8 below.
) Orifice
f
R CONDENSER T <
.r;' fo
|_| Subcooler I“uq_;}_.x" ]
Single-Stage
Expanslon Compressor
Valve
g
| relrigasant flows
;T EVAPORATOR [
Figure 8.8 Case Study A. Single-Stage Centrifugal Machine

with Subcooler

The enhanced Thorp method was applied to verify the principal

measurements. The heat imbalance, apparent COPs and corrected

refrigerant-circuit COP (the estimate of actual COP) are given in Table 5.2

below. By way of example, the measurements made and the calculations

are set out in Appendix 11. The heat imbalance was small, +4,92%, but
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as noted above, this was not a guarantee of acceptable principal
measurements.

Table 5.2  Case Study A: Verification of Principal
Measurements by Enhariced Thorp Method

QUANTITY UNIT VALUE
Apparent Evaporator Load kKW(R) 6 362
Apparent Input Power kW 925
Apparent Condenser and Subcooler | kW(R} | -7 665
Load
Heat Imbalance = % 14,92
Apparent Evaporator-l.oad COFgg, 6,88
Apparent Rejection-Load COR 7,29
Refrigerant-Circuit COP COF,, 7,468 + 0,304
Corrected Refrigerant-Circuit COP 7,186 £ 0,295

The acceptahility plot, depicted in Figure 5.9, was then drawn. The last
section of Appendix 11 sets out how this was done. The uncertainties in
the refrigerant-circuit COP and corrected refrigerant-circuit COP in
Table 5.2 were determined as described in Appendix 12, assuming that
accuracies of measured refrigerant temperatures and pressures were
+0,2°C and %2 per cent of full scale respectively.

Examining Figure 5.9, the error lines of evaporator and condenser water
loads were close together, as they should have been for a small heat
Imbalance. Both lines passed through the acceptability window for a
common range of error in apparent inp"t power, This range of joint
acceptability of between -2 and +5 per cent of error in apparent input
power amounted to more than half the width of the power acceptability
band, Finally, it is shown in Section A11.2 of Appendix 12 that one
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apparent constituent of the heat balance - apparent input power - was
acceptably accurate,; its uncertainty was 4 per cent.” Criterion E on page
128 was thus met, and so all principal measurements could be declared
quite acceptable,

ACCEPTARILITY PLOT

40% ] “Runge b?jﬁriﬁdéif‘i
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[ e
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§ L B e hatna |
g
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! E ———— Rel. load
-30% “20% -10% 0% 0% 20% Wb
Error in Apparent Input Power

Figure 589 Case Study A: Acceptability Plot

The corrected refrigerant-circuit COP, as seen from Table 5.2, had an
uncertainly of £4,1 per cent.? Fortunately, the conclusions drawn from the
acceptability plot were hardly affected by even this degree of uncertainty.
Shown in Figure 5.9a Is the acceptabliity i..ot if the corrected refrigerant-
circuit COP were af its lower limit of uncertainty: (7,186 - 0,295), or 6,890,

7 As noted in Appervtx 12, provided that the Kilowait-hour meler muasuring electrica)
energy Input to the compresser driving motor was within its Class 2 aceuracy it of £2
per cent. Electrical power or snergy meters can give unacceplably ermoneous readings,
thaugh, if they are adjusted or connested incorectly. As for all instruments measuring
important quantitles, such meters chould therafore be checked at specifled intervals,

8 past of this, as noted In Apperdix 12, was due @ \he uncerialntios in the measured
refrigarant prussures. If the pressure gauges had been calibratad for accuracies of

&1 per cent of thair tull scale values, the uncertainty In reftigerant-circull COP would
have shrunk to £2,3 per cent,
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it can be seen that the conclusions were not affected; both load error lines
still passed through more than half of the acceptability window’s width,
and the range of joint load acceptability was still mostly inside this window
and spanned more than haff its width (i.e. the width of the power
acceptability band).

For the corrected refrigerant-circuit COP at its upper limit of uncertainty -
(7,186 + 0,295), or 7,481 - the conclusions were marginally affected, as
shown In Figure 5.9b. Here, the evaporator load error line passed
through just less than half of the acceptabllity window, and the range of
joint load acceptability was just less than half of this window’s width.
However, this was at the extreme upper limit of the uncertainty. The
conclusion therefare remained that unless the corrected refrigerant-cirouit
COP was at the upper limit of its eshmated uncertainty, all principal
measurements were acceptably accurate.

5,24 Case Study B: Acceptable Heat Imbalance, Unacceptable
Pringipal Measurements!

in the next case study, an acceplable heat imbalance concealed grossly
unacceptable principal measurements, because of the cancelling effect of
large but similar errors. This case study was first reported in a previous
paper (Bailey-McEwan, 1980) and the application of the enhanced Thorp
method reported later (Balley-McEwan, 1995a). Here, an acceptance test
was being carried out on a two-stage centrifugal machine situated
underground, employing Refrigerant 11 and of 3 MW(R) rated capacity.
Hence, in contrast to all other case studies in this thesls, festing with
some callbrated instruments® was uone here, as opposed to checking with
all instruments uncalibrated except portable thermometers. The
refrigerant circuit oi this machine 1s lllustrated in Figure 5.10 below.

9 ser Section A10.2, Appendix 10 for detalls.
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Figure 5.10 Case Study B; Two-Stage Centfrifugal Machine

Table 53 Case Study B: Ve, fication of Pringipal
Measurements by Enhanced Thorp Method

QUANTITY UNIT VALUE

Apparent Evaporator Load KW(R) 3222

Apparent Input Power kw 857

Apparent Rejection Load kW(R) [-4100

Heat Imbalance & % +5,38
Appatent CORg, 4,90
Apparent COR 4, 5,24
Refrigerant-Circuit COP 4,115 £ 0,018
Corrected Refrigerant-Circuit COP 3,998 £ 0,030

The quantities calculated by the enhanced Thorp method are given in
Table 5.3 above. The heat imbalance was +5,38%, which seemed quite
acceptable and small. From Table £.3, though, it is seen that the
éorrected rafrige rant-circult COP was markedly lower than both apparent
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COPs. The implication of this became clear when the acceptability plot
was drawn as in Figure 5.11. The conclusions drawn from this plot were
not affected at all by the estimated uncertainty in corrected refrigerant-
circuit COP of 0,74 per cent,’® determined as for Case Study A,
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Figure 5,11 Case Study B: Acceptability Plot

in Figure 5.11, the load error lines were remarkably close together, but
neither passed through the acceptability window! It was thus impossible
for all apparent constituents of the heat balance to be acceptable.
However, as annotated on the figure, the range of joint Joad acceptability
was betwaen -22 and ~13 per cent of error in apparant input power. Thus
the acceptability plot clearly showed the following:

10 This uncertainty was much lower than thet of Case Study A because the refrigerant
vapour leaving the evaporator was saturated (it was superheated In Case Study A, as
noted In Appendix 11), and the refrigerant Hguld entering bolh expansion valves was
saturated (the liquid entering the expansion valve In Case Study A was subcooled), The
enthalples of these refrigerant streams were thus functions of refrigerant tamperatures
only. Because the uncertalnty in temperalure measurement (£0,2°C) was less than that
in prassure measurement, the uncertainty In refrigerant-clroult COP accordingly
dacreased.
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e the errors in apparent evaporator and rejection load were very
similar, whatever they were;

° if the apparent loads were bath acceptably accurate, apparent input
power had to be between -22 and -13 per cent In error;

e altermatively, it apparent input power was acceptably accurate {i.e. if
its error was within the power acceptability band), both apparent
loads had to be between +15 and +25 per cent in error.

As in Case Study A, it could be shown that the error in apparent input
power was within +4 per cent. Thus apparent evaporator and rejection
loads were in error by at least +15 and +18 per cent respectively.
Because all thermometers had been calibrated, the measured evaporator
and condenser water flow-rates were in error by these percentages.

The reason for the small heat Imbalance was that the relative errors ng,,
and ng, inthe apparent water loads were very similar. Therefors, in

computing the relative heat Imbalance, they almost cancelled out, as can
be seen from (5-7) above. However, these load errors were far from zero,
a ~ssly unacceptahlel This case study strikingly illustrates the
conclusion of Section 5.1.2 that an acceptable heat Imbalance, by itseif,
does not confirm the acouracy of the principal measurements. The
enhanced Thorp method must always be used to verify the accuracy of
the apparent constituents of the heat balance, and hence that of the
principal measuramants.

525 Additional Checks for Machines Sharing Common Water Flows

An additional check for accuracy of measured water temperafures or
apparent input powers is possible for machines sharing common water
flows - such as when evaporators or condensers, or both, are connected
in series in thair chilled or condenser water circuits, as In Figure 3.20.
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Let the evaporators of two conventional machines share a common water
flow. Provided that conditions do not change appreciably over the period
of taking measurements, and that there are negligible errors in measured
water temperatures, the only significant error in the two apparent
evaporator loads Is that arising from measurement of the common water
flow. So the relative errors in these two apparent loads will be virtually

equal; thatis, ng,, = ngy,. If the evaporator load error lines for both

these machines are plotted on the same acceptability plot, they will thus
coincide it

»  all water temperatures are perfectly accurate (thus making

Neay = Negay ) 8NA

o the errors in apparant input powers of both machines are identical

(i.e. Myeap = Nygasp )+

The extent to which these error lines do not coincide, therrfore, is due to
sither the inaccuracies of the measured water temperatures, or the
difference of the errors In the two apparent input powers, or both, If all
measured water temperatures are known to be accurate, [t can be
deduced whether the errors in both apparent Input powers can be
acceptable, or whether at l2ast one is unacceptable. Of course, the same
principle helds if there 1s a common water flow through the condensers,

In the following case study, it was proved in this way that the apparent
input power of at least one machine was unacceptably in errar.

526 QGase Study C: Two Machines in Lead-Lag Configuration

This case study concerned two machines in an underground installation,
and had been described previously (Balley-McFwan, 1991)., The use of
the enhanced Thorp method was reported later (Bailey-McEwan, 1985a).
As shown in Figure 5.12, the machines were connected in the
"counterflow lead-lag” configuration of Figure 3.20; the water bain: chilled
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first entered the evaporator of Machine 1, and the heat-removing water
first entered the condenser of Machine 2. These .nachines were of

3,5 MW(R) capaclty, possessed three-stage centrifugal compressors and
two interstage economisers (as in Figure A7.1, Appendix 7), and
employed Refrigerant 12.

i
!

= CONDENSER [— CONDENSER |——t>—-—
MACHINE MACHINE el
water flows |
! 2 1 N
: i
= EVAPORATOR [~ EVAPORATOR [~ ;

Figure 5,12 Case Study C: Two Machines in Lead-Lag
Configuration

The only measurements known to be reliable in this survey were the water
and refrigerant temperatures. Use of the enhanced Thorp method yielded
Table 5.4 below.

The heat imbalances of both machines were unacceptable, belng +27,6%
and +23,2% respectively. As both of these were higher than the upper
unacceptability conflrmation limit of +13%, at least one unacceptable error
was present in the measurements on bath machines. The acceptability
plot for the lead machine was drawn as in Figure 5.13 below. Again, the
uncertalities, estimated as for Case Study A, in the corrected refrigerant-
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circuit COPs were 11,45% and +1,88% respectively,'! so the conclusions
from the acceptability plots were not affected,

Table 5.4  Case Study C: Verification of Pringipal
Measurements by Enhanced Thorp Method
QUANTITY UNIT MACHINE 1 MACHINE 2
(Lead) (Lag)
Apparent Evaporator Load |[kW(R) (3 001 2745
Apparent Input Power kKW(M) | 998 914
Apparent Rejection Load |kW{(R) |-5 521 -4 768
Heat Imbalance ¢ % +27.6 +23,2
Apparent CORg,,, 3,01 3,01
Apparent COR,g, 4,53 4,22
Refrigerant-Clrcuit COP 3,308 + 0,047 3,811 + 0,071
Corrected Refrigerant- 3,266 % 0,047 3,761 £ 0,071

Circuit COP

In Figure 5.13, because of the large heat imbalance, the load arror lines

were far apart, passing through the load acceptability band for widely

separate, non-overlapping ranges of error in apparent input power.

Hence, whatever the error in apparent inpuf power, it was impossible for

both apparent loads to be acceptable; apparent evaporator load, rejection

load or both were unacceptably in error.

A similar conclusion was drawn from the acceptability plot for the lag

machine. However, when the two plots were superimposed - that Is, the

load error lines for both machines were drawn on the same plot, as in

11 Again, these uncertaintius were [ower than in Case Study A because the refrigerant
liquid entering the expansion valves was saturated, whereas the liquid entering the
expansion valve In Case Study A was subcooled. These uncertalnties did depend on the
uncertainty in evaporating refrigerant pressures here, because the refrigerant vapour
leaving both evaperators was siightly superheated, so he enthalpy thereof depended on

presstre as well as temperature.
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Figure 5,14 - it also emerged that the apparent input power of one or both
machines was unacceptably in errorl
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This was deduced as follows. The condensers shared a common water
flow, and water temperatures had been measured as simultaneously as
possible and were known to be accurate. Consequently, the errors in
apparent rejection loads of the two machines had to be approximately
equal. Forequal errors in app- 2nt refection load, the horizontal distance
between the two rejection load error lines was always greater than the
width of the power accepfability band (as shown by example in the figure),
It was thus impossible for the errors in both apparent input powers to be
inside this acceptability band at once. Therefore, at least one of these
errors was unacceptable. (As the evaporators also shared a commen
water flow, the same conclusion could have been drawn by examining the
harizontal distance between the two evaporator load error lines,)

This was as much as could be deduced through the enhanced Thorp
method, and confirmed the initlal analysis of this case (B: ley-McEwan,
1991). It is shown by machine modeiling in Section 5.4.2 below that the
apparent evaporator water flow was in fact accurate. Knowing this, it is
reaaily seen from Figure 5.14 that the apparent rejection loads (and
hence the apparent condenser water flow) were at least +37 per centin
error, and the etrors in apparent input powers were both unacceptable -
approximately +9% and +25% respectively.

527 Limitations of Enhanced Thorp Method

The enhanced Thorp method, aithough powerful, has its liriirations. If itis
to verify apparent machine performance (and hence verify the principal
measurements), the refrigerant-circuit COP must be possible to dstermine
precisely, and at least ane constituent of the heat balance must he
independently known to be acceptably accurate. There are many cases
where one or both of these requirements are not met.
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...................................

If the refrigerant-circult COP is to be determined precisely, all confirming
measurements required for this r.-ust be obtainable. For conventional
machines operating normally (that is, with no auxiliary devices .ntroducing
additional refrigerant flows), the only confirming measurements necessary
are easily obtainable, key refrigerant pressures and temperatures.
Hitherto, therefore, in the South African mining industry, the Thorp method
has been used anly with conventional machines operating normally, as
noted in Chapter 4,

There are two reasons why all confirming measurements required fo
precisely determing refrigerant-circuit COP may not be obtainable. First,
as also noted in Chapter 4, when auwxliary devices (such as hot gas
bypass valves) are operating In conventional machines and so do
introduce additlonal refrigerant flows, extra confirming measurements of
these additional flows and the main flow enfering the evaporator are
requlred. The same applies in general to non-conventional, custom-built
machines employing screw compressors, which generally possess such
auxillary devices, The difficulty here is that these measurements are
almost never obtalnable, as refrigerant flow meters are almost never
installed.1?

Second, extra confirming measurements - difficult or impossible to obtain -
may suddenly become necessary if the refrigerant circuit is not in good
order, due to untiesirable values of some process parameters or state
variables. For :xample, an overcharge of refrigerant may cause
refrigerant flows from evaporators to compressors - normally single-phase
vapour fiows - to entrain considerable fractions of liquid. Determining the
enthalpy of such « two-phase flow requires an extra confirming

12 1t is difficult to install such meters in the tightly confinad, curved piping of
conventional, packaged machines. With rion-conventional, custorn-buiit machines, such
installation is easter, particwlarly I re:;. tested at the time of ordering.
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measureiment: the mass fraction of liquid therein. Alternatively, the
refrigurant may be contaminated with sufficient oil, water or non-
condensable gas to become a poorly understood mixture with
thermodynamic and thermophysical properties differing significantly from
those of pure refrigerant. Determining the enthalpy of such a mbdure
requires extra confirming measurements of the mass fractions of each
contaminant (as well as information, not necessarily available, enabling
reliable determination of the enthalpy of the mixture once these mass
fractions are known). Even if such extra confirming measurements were
slmple to obtain, machines are not fitted with facilities for obtaining them,
as they are not necessary If the refrigerant circuit is in good order.

It is shown in Section 5.3 following that the enhanced Thorp method can
be extended to cases where the reftigerant-circuit COP cannot be
determined precisely for either of these reasons. However, on its own,
this extension, termed the inexact Thorp method, is no longer capable of
fully verifying the apparent performance, [t can only Indicate, on a
balance of probabilities, which apparent constituents of the heat balance
are likely to be unacceptably erroneous. Additional information Is
necessary to prove the absence of such errors, or to unambiguously
determine the identities and magnitudes of those that exist. Fortunately,
knowledge of machine specifications and design performance yields the
required additional Information in many such cases. To fully and
uneguivocally verify apparent performance, though, it Is necessary to
resort to machine modelling, discussed in Section 5.4 below,

............................................

As in Case Study C above, examples do occur where the refrigerant-
circuit COP can be precisely determined, but no apparent constituent of
the heat balance is independently known to be acceptably accurate.
From principle E.2, page 188, no precise conclusion can then be drawn
from the acceptabliity plot, so the enhanced Thorp method cannot verify
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apparent performance. in such cases it is again necessary to resort to
machine modelling for this purpose, as was done in Case Study C and as
described in Section 5.4 below,

5,3 Verifving Apparent Performance by Inexact Thorp Method

it is now shown that the enhanced Thorp method can be extended to
cases where the refrigerant-circuit COP cannot be determined precisely.
The absence of unacceptable errors from the apparent performance
cannot be verified, but a modification of the acceptability plot, known as
the acceplability band plof, can still indicate the relative likelihood of all
apparent constituents of the heat balance being acceptably acourate, or
whether one or more must be unacceptably erroneous. Moreover, even
though actua! COP cannot be precisely estimated, it may be feasible to
determine a range in which it must lie. Finally, in many cases, knowledge
of machine specifications and design performance supplies the balance of
the information necessary to identify some unacceptably erroneous
measurements, or at least to yield valuable implications in this regard. A
procedure for this appropriately termed inexact Thorp method is now
given, following which It is demonstrated through three case studies. This
Inexact method and the three case studies have been reported (Bailey-
McEwan, 1985b).

531 The Inexact Thorp Method: Procedure

As for the enhanced Thorp methed, the apparent evaporator black load
" Qusp + Fejection load ¥\Q,,, and input power 3 W,cs, are calculated

from the performance survey, Then, the relative heat imbalance ¢ is

calculated per (5-7), and the apparent evaporator-load COP, CORgy,,

and rejection-load COP, COF, 5, , are calculated per (5-9¢).
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As for the enhanced Thorp method, the limits of accuracy of ISO R816
(ISO, 1968) for the apparent evaporator block load, rejection load and
input power are adopted. The bands between these limits are termed the
accepfability bands for the apparent loads and input power.

In the acceptability band piot, the framework of which is illustrated in
Figure 5.15, the horizonfal axis represents the actual COP, and the

vertical axis the relative error n,, in apparent input power. The power

acceptability band of £%% is indicated on this vertical axis.
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Figure 5.15 Framework for Acceptability Band Plot

The acceptability limits of £7% for the two apparent loads are then plotted
graphically on this plot. For the apparent wvaporator block load, it is
shown in Appendix 13 that the lower (-7%) and upper (+7%)} limits of
acceptability are given by the following relations between actual COP and

ITOT Nygg,®
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c
Lower limit (-7%): COP = OPlEslp(""‘”vcap)
083 (5-13a)
COF,
Upper limit (+7%): coP = zean;=£17+nm,,)

Sirnllarly, the corresponding limits of acceptability for the apparent
rejection load are shown in Appendix 13 to be given by

1+COP | 1 (5-13b)
+
Upper limit (+7%): COP = ( IJ:JS;( + Myoay) 1

The pairs {5-13a) and (5-13b) of relations are linear relationships, and
thus particularly easy to plot on the acceptability band plot. How this is
done, and the information which the acceptability band plot then yields, is
best illustrated by the case studies following.

The COP Range Plof

Next, if feasible, the range in which actual COP must lie is estimated from
the obtainable confirming measurements In the refrigerant circuit. The
procedure for doing this depends on the particular machine and its
operating circumstances, and so is also best lllustrated in the case
studies below. This range Is then plotted on an appropriately termed COP
range piot.

.........................................

Finally, the manufacturer's specifications and quocied design performance
are consulted in interpreting the information yielded by the acceptability
band plot and the COP range plot. 1t may hence be possible to identify
one or more unacceptably srroneous measurements, especially where the
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acceptabiiity band plot and possible range of actual COP definitely
indicate that such erroneous measurements exist,

5.3.2 Case Study D: Acceptable Heat Imbalance: Machine Bypassing
Hot Gas

When conventional machines operate under severe part-duty conditicns,
hot gas may have to be bypassed from condenser to evaporator in order
to keep the centrifugal compressor stable. Here, such a machine of

3,5 MIWI(R) rated capacity, with a two-stage centrifugal compressor and
employing Refrigerant 12, was operating with the hot gas bypass valve
open. This machine, situated in an underground installation, is illustrated
schamatically in Figure 5.16 below.
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Figure 5.16 Case Study D: Two-Stage Centrifugat Machine
Bypassing Hot Gas

The heat imbalance and the apparent evaporator-load and rejection-load
COPs could be determined in the same way as before, and are given in
Table 5.5 below. The heat imbalance evaluated to +7,9%, which was
between the unacceptability confirmation limits of -15% and +13%. It was
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possible, therefore, that all principal measurements were acceptably
accurate.

Table 5.5 Case Study D: Caleulated Heat Imbalance and

Apparent COPs
QUANTITY UNIT VALUE
Apparent Evapuorator Load kW(R) 2600
Apparent Input Power kW 796
Apparent Rejection Load KWI(R} -3 686
Heat Imbalance ¢ % +7,89
Apparent CORg, 3,27
Apparent COR, 5, 3,63

The acceptability band plot was then constructed as follows. Plotting the
acceptablility limits of £7% for apparent evaporator load, given by (5-13a),
on the framework of Figure 5.15 yielded the evaporator load acceptability
band as shown in Figure 5.17. (By way of example, Appendix 14 details
how this was done.) The intersection of the evaporator load acceptability
band with the power acceptability band Is the area of joint acceptability of
apparent evaporator load and input power, shown with a shaded border in
the figure,

A brief observation on this area of joint acceptability is in order. It began
at corner A in the figure, whera the COP was 2,80, Thus, had the actual
COP been less than or equal to 2,90, the likelihood of apparent
evaporator load and input power both being acceptably accurate would
have been zero. For larger values of COP, this likellhood initially
Increased rapidly. !t reached a maximum at corner B, corresponding to a
higher COP of 3,21 (vertical line BB'B" in the figure). Here, the error in
apparent input power could lie anywhere in the power acceptability band
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of £5% (portion BB' of that line) and still be within the area of foint
accepfability. Thus, had the actual COP been 3,21, apparent evaporator
load would certainly have been acceptably accurate if apparent input
power had been so. Between this COP and a COP of 3,34 (corner D;
vertical line DD'D" in the figure), this condition held. For still higher
values of COP, the likelihood of apparent evaporator load and input
power both being acceptably accuraie decreased rapidiy, reaching zero
again at corner C, where the COP was 3,69,

Plot of Evaporator L.oad Acceptability Band
10% +T -7
i Fower A il
H ] o B::ZP‘E h Evaporator Load
g y Accaplabity Band
a
£
B o% TR
a Aren af Jnint
E’ acceptabilty
oo L
a5 4 45
CoP

Figure 5.17 Case Study D: Plot of Evaporator Load
Acceptability Band

Next, the simiiar acceptability limits for apparent rejection load, given by
(5-13b), were also plotted on Figure 5.17. {Appendix 14 again shows how
this was done.) This yielded the compiete acceptability band piox for this
case, shown in Figure 5,18. Here, the area of joint acceptability of
apparent evaporator load and input power (shown in Figure 5.17)
overiapped with the similar area of joint acceptabiiity of apparent rejection
load and input power. The area of overlap EFCD, shaded in Figure 5.18,
was where both apparent loads and input power - that is, ali three
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apparent constituents of the heat balance - would have been acceptably
accurate, and is hence termed the area of complete acceptability.

ACCEPTABILITY BAND PLOT ol Load

0% Power Aceaptabiity Band

“\cneptabilty
Band

Error In Apparent Input Power

-10%

25 Evup. Laad
Accep, Bend

Figure 5,18 Case Study D: Acceptability Band Ploi

Upon careful examination of this area of complete acceptability, the
relative likelihood of all three apparent constituentis of the heat bailance
being acceptably accurate was small. First, the width of this area was
less than half the widths of the evaporator and rejection load acceptability
bands. Hence, whatever the actual error in apparent input power was, the
likelihood of the actual COP being inside this area had to be regarded as
relatively smail.

Second, whatever the actual COP was, the likellhood of the actual error in
apparent input power being within this area was also small. This
likelihood was initially zero at corner E, where the COP was 3,11. At
carner D, where the COP was 3,34, denoted by the vertical line DD'D"D™,
this likkelihood was at & maximum, represented by the porflon DD’ of this
line within the area of complete acceptability. Even here, however, this
portion DD’ just exceeded half the widith DD'D" of the power accepiability
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band; thus, even if it had been Independently known that apparent input
power was acceptably accurate, the likelihood of all three apparent
constituents being acceptably accurate could only just have exceeded 50
per cent. Between corners D and F, this likelihood decreased slightly. At
corner F, wherae the COP was 3,55, represanted by the verticai line
FF'E'F", the portion FF' within the area of complete acceptability was less
than half the width of the power acceptabhility hand. Thereafter, this

likelinood decreased rapidly to zero again at corner C, where the COP
was 3,69,

The acceptability band plot thus indicated that whereas it was possible for
all apparent canstituents of the heat balance to be acceptable, it was
more likely that at ieast one was unacceptably in error,

Next, the COP range plot was constructed. The only obtainable
confirming measurements in the refrigerant circuit were of key pressures
and temperatures. These are listed in Table 5.6, together with the full-
duty design values for comparison.

It was not possible to pracisely determine refrigerant-circuit COP from
these measurements, and hence to correct this to estimate actual COP,
This was because the refrigerant-circuit COP of this type of machine s
given by {3-22b), reproduced below:

m,.
{hgy — Nggra) ~— . (hHGl ~ hg,)
GOP,, = Mg (5-14)
(hPD —hg,) -[1 + -’PﬂHP—J + A(Pp, — Recw )

(riEX2

ho —h
where A=—EXL__Ett
hECva - hEXﬂ
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and the ratio my, .5 /M, )ex, I8 of refrigerant mass flow through the hot gas

bypass valve of Figure 5.16 to that through Expansion Valve 2 (the one
feeding the evaporator) in that figure. This mass flow ratio, termed hot
gas bypass ratio for convenience, could not be determined, as no
refrigerant flow meters were fitted to the machine. However, as all
enthalpies h in (5-14) could be determined from the confirming
measurements of refrigerant pressures and temperatures in Table 5.6, it
was quite possible to plot actual COP3 for a range of possible values of
this ratio. The resulting plot, shown in Figure 5.19, consfituted the COP
range plot for this case; it is seen that COP strongly depended upon hot
gas bypass ratio,

Table 56 Case Study D: Obtainable Confirming
Measurements in Refrigerant Circuit

Design full-
QUANTITY UNIT VALUE duty vaiue for
comparison
EVAPORATOR
Refrigerant pressure kPaa 341,2 342,4
Refrigerant temperature °Cc - 3,22
ECONOMISER
Refrigerant temperature °C 19,7 28,07
COMPRESSOR
Vane opening % 50 100
Suction temperature °G 3,5 2,22
Discharge temperature *C 53,0 60,61
HOT GAS BYPASS VALVE
QOpening % 50 closed
CONDENSER
Refrigerant pressure kPaa 1 087 1315
Outlet refrigerant “«C 425 53,33
temperature

13 Gjvan by the corrected refrigerant-circuit COP; (5-14) was comected, per (5-10c), for
the effect of the compressor ofl cocler.
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Dependence of COP upon Hot Gas Bypass Ratio

I P

S R N P ,
08 08 1

' Ratio of Hot Gas Bypass Flow to Flow through Expansion I
Valve Feeding Evaporator i

Figure 5.19 Case Study D: COP Range Plot

Finally, on comparing the confirming measurements and corresponding
full-duty design values in Table 5.6, the following was noted.

{1) Mot only was hot gas being bypassed, but the compressor was
operating at part-capacity (its vane opening was 50 per cent), and
thus at reduced efficiency. Both these factors would have acted to
reduce COP below the full-duty design value,

(2) On the other hand, while evaporating pressure was aimost equal to
design value, condensing pres .ure was 19 per cent below design
value, The pressure rise which the compressor had to develop was
thus 25 per cent lower than design value; the required lift was thus
reduced, which would have acted to increase the COP.

Because of th.se counteracting factors, all that could be concluded was
that the actual COP, whatever it was, was uniikely to be greater than the
full-duty design value of 3,43 quoted by the machine manufacturer. It was
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almost certainly at least somewhat lower, From Figure 5.19, this meant
that the hot gas bypass ratio was at least 0,5! More importantly, though, if
actual COP had been lower than the full-duty design value of 3,43, it was
most uniikely to have been within the area of complete acceptability in
Figure 5.18. Ata COP of 3,11 (91 per cent of 3,43), it would have been
outside this area. Therefore, it was most likely that apparent rejection
load (and tience condenser water flow'4) was unacceptably, erroneously
high. There was no guarantes, though, that apparent evaporator ioad
was acceptably accurate; so it was certainly justifiable, as a preczutionary
measure, to check the evaporator water flow meter too when the
opportunity presented itself.

5.3.3 Case Study E: Unacceptiable Heat Imbalance: Overcharge of
Refrigerant
A case study is now presented where the heat imbalance was
unacceptable and the refrigerant-circuit COP was uncertain. This
involved a two-stage centrifugal machine - identical to that in Figure 5.16
above - which was clearly overcharged with refrigerant. The heat
imbalance and the two apparent COPs could *« .etermined in the same
way as before, and are given in Table 5.7 below.

In contrast to the previous case studies, there was a large heat
imbalance. This evaluated to -29,2%, which was well below the
unacceptability confirmation limit of -15%. Clearly, therefore, at least one
principal measurement was unacceptably in error. The acceptability band
plot for this case is shown in Figure 3.20 below.

Here, the two areas of joint acceptability did not overlap. Hence, as the
unacceptably large heat imbalance of 29,2% showed anyway, it was
impossible for all three apparent constituents of the heat balance to be

14 Because all water temperatures, including condenser inlet and outlet water
temperatures, had been measured with accurate thermometers.
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acceptably accurate, However, the acceptability band piot yielded more
information; as the two areas did not overiap, # was impossible for both
apparent evaporator load and rejection load fo be acceptably accurafe.
One or both of these loads were unacceptably erroneous.

Table 57 Case Study F: Calculated Heat Imbalance and

Apparent COPs

QUANTITY UNIT VALUE
Apparent Evaporator Load KW(R) 2070
Apparent Input Power kW 871
Apparent Rejection Load KW(R) 2277
HeatImbalance % -29,2
Apparent CORg, 2,37
Apparent COR 1,6

b e
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Figure 5.20 Case Study E: Accepfability Band Plot
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In this case, the apparent input power was presumed to be acceptably
accurate, as it had been calculated from readings from the kilowatt-hour
meter measuring electrical energy input to the compressor drive motor.
However, the apparent input power could have been substantially
uncertain (such as if it had to be estimated from compressor motor current
readings and incomplete motor specifications). Even if it had been so, the
acceptability band plot would have nevertheless proved that at least one
of the apparent loads was unaccepiably in error, whatever the actual error
in apparent input power.

The COP range plot was next constructed. The obtainable conflrming
measurements in the refrigerant circuit are listed in Table 5.8, together

with the full-duty design values for comparison.

Table 6.8  Case Study E: Obtainable Gonfirming
Measurements in Refrigerant Circuit

Design full-
QUANTITY UNIT VALUE duty value for
comparison
EVAPORATOR
Refrigerant pressure kPaa 3161 342.4
Refrigerant temperature °C - 3,22
Refrigerant level normal normal
ECONOMISER
Refrlgerant temperature °C 26,50 28,07
COMPRESSOR
Vane opening % §0 100
Suction temperature °C 2,82 2,22
Discharge temperature °C 58,20 60,61
HOT GAS BYPASS VALVE
Opening % closed closed
CONDENSER
Refr.gerant pressure kPaa 1302 1315
Qutlet refrigerant temp. °C 51,67 53,33

Here, refrigerant-circult COP could not be precisely estimated because
the compressor discharge temperature was low, being only 4,6°C above
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refrigerant condensing temperature. This indicated an overcharge of
refrigerant, causing liquid droplets to be entrained in the vapour leaving
the evaporator, For this situation, the enthalpy h,, of the refrigerant

leaving the evaporator is given by
gy = Xhpp, +(1- XN g1, (5-15)

where x is the fraction of liquid entrained in the refrigerant, and hy,s, and
h(g)a, are the enthalpies of saturated refrigerant liquid and vapour,

respectively, at the evaparator outlet. These enthalpies ¢ould be
determined from pressure and temperature measurements, but the liquld
fraction X was unknown and impossible to measure. Howsver, (5-15)
could be substituted for hg, in formula (3-22c¢), reproduced below, for the
refrigerant-circult COP of this type of machine when bypassing no hot

gas:
hs, —h
COR,, = —— B EQ0
N (Bap ~ hgo) + AlNrps = Becws) 518)
. -h
where A = ExX1 ECra
hECw - hE(ﬁ

As all enthalpies in {5-15) and (5-18) could be deduced from the
confirming measuremeants of refrigerant pressures and temperatures, it
was possible to plot actual COP1S for a range of possible liquid frastions in
the refrigerant leaving the evaporator. The resulting COP range plot is
shown in Figure 5.21 below. As seen, the COP depended strongly upon

this liquid fraction.

Finally, the plots of Figures 5.20 and 5,21 were interpreted in the light of
the manufacturer's quoted design performance in Table 5.8, Not only

15 As In the previous case study, to reflect actual COP, (5-16) was corrected, per (5-10c),
for the effect of the compressor oil cooler.



225

were there liquid droplets in the refrigerant leaving the evaporator and
thus entering the compressor, but the compressor was operating at part-
capacity (its vane opening was 50 per cent), and thus at reduced
efficiency. Both these factors would have combined to reduce COP below
the full-duty design valiue. Unlike the previous case study, there was no
counteracting factor; the pressure rise which the compressor had to
develop was virtually equal to the design value Therefore, it could safely
be concluded that the actual COP, whatever it was, was significantly
below the full-duty design COP of 3,43, From Figure 5.21, this meant that
liquid fraction In the refrigerant leaving the evaporator was above 7 per
cent - a value high enough to raise concern about possible damage to the

cOMmprassor.
Dependerice of COP upon Liquid Fraction in
Refrigerant Leaving Evaporator
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Figure 5,21 Case Study E: COP Range Plot

While actual COP was certainly lower than the full-duty design value of
3,43, both areas of joint acceptability in Figu-e 5.20 lay in ranges of COP
which were cor. iderably lower. The COPs at the centres of these two
areas were the two apparent COPs in Table 5.7 above: 2,37 and 1,61.
From Figure 5,21, the corresponding liquid fractions in the refrigerant



226

Ieaving the evaporator were 13% and 23% respectively. It seemed
unlikely that the actual liquid fraction was of the urder of the fatter
percentags; swift damage to e ~mpressor would surely have resulted.
From Figure §.20, therefor., i, . npeared most likely that apparent
rejection load (and hence condenser water flow) was unacceptably,
erroneously low. VWhat could definitely be concluded, though, was:

s either one or both apparent loads were unacceptably in error, so
both evaporator and condenser water flow meters required checking;

« the liquid fraction in the refrigerant feaving the evaporator and
entering the compressor was above 7 per cent; so in order to
prevent damage to the compressar, the refrigerant charge had to he
reduced to specification at the earliest opportunity.

5.3.4 Case Study F: Unacceptable Heat Imbalance; Custom-Built
Machine with Two Screw Compressors

In principle, thare is nothing limiting the use of the Thorp method to
conventional machines. A case study is nyw presented of the use of the
inexact Thorp method with a non-conventional, custom-buiit machine of
8,4 MW(R) capacity. This machine possessed two banks of open plate-
type evaporators (as in Figure 3.29), two shell-and-tube condensers
connected in parallel, and two screw compressors, The refrigerant
employed was ammonia. As is common in modern practice, the screw
compressors were equipped with liquid-injection il cooling systems. This
Is the machine of Figure 3.22,

The apparent constituents of the heat balance, the heat imbalance, and
the two apparent COPs cculd be determined in the same way as before,
and are glven in Table 5.9 below. The heat imbalance evaluated to
+29,7%, which was well above the upper unacceptability confirmation [imit
of +13%. Obviously, at least one apparent constituent of the heat halance
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was unacceptably In error. Constructing the acceptability band plot
yielded Figure 5.22 below.

Table 5.9  Case Study F: Calculated Heat Imbalance and

Apparent COPs

QUANTITY UNIT VALUE
Apparent Evaporator Load KWI(R) 7 868
Apparent Input Power kW(M) 1718
Apparent Rejection Load kW(R) -13 629
Heat Imbaiance & % +29,7
Apparent COFjgg, 4,58
Apparent COR,y,, 6,94
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Figure 5.22 Case Study F: Acceptability Band Plot

As for the previous case study, the two areas of joint acceptability did not
overlap, again showing that it was impossible for both apparent loads to
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be acceptably accurate. One or both of these loads were unacceptably in
error, whalever the actual error in apparent input power.

Next, the COP range plot was constructed. Obtalnable confirming
measurements in the refrigerant circuit are listed in Table 5.10, together
with full-duty design values for comparison,

Tahle 810 Case Study F: Obtalnable Confirming
Measurements in Refrigerant Circuit

Desfgn ful-
QUANTITY UNIT VALUE duty value for
comparison
EVAPORATORE
Refrigerant temperature °C =271 -2,78
COMPRESSORS
Slide valve opening % 100 100
Suction pressure kPaa 352 374
Suction temperature G - -3,33
Discharge pressure kPaa 1230 ~1 260
Discharge temperature °C 108,5 90,0
CONDENSERS
Qutlet refrigerant temp. °C 28,57 32,2

From (3-24), the refrigerant-circuit COP of the machine in Figure 3.22

was:
COR,, = Jooa ™ i (517)
(h{P1+F2]u - hSDa) oA (hlPhPZIO - hLRo)
Myrex

The ratio of tota) liquid-injection flow to the main refrigerant flow
(Mt + M2 /My » termed the liquid injection ratio, was unobtainable,

as no refrigerant mass flow meters were Installed. However, as all
enthalpies in (5+17) could be determined from the confirming




229

measurements of refrigerant pressures and temperatures, it was possible
to plot actual COP18 for a range of poscible values of this ratio. The
resulting COP range plot is shown in Figure 5.23 below, where ¥ is seen
that GOP depended fairly strongly upon this ratio.

Dependence of COP upon Liquid Injection
Ratio
5
45 e
0. 4 — = :
8 R :
3,5 S :
3 T :
2.5 + " — — + } ‘H""'"- '
0% 2% 4% 6% 6% 0% 12% 14% 16%
Rafio of Liquid InJection to Suction Flow of

Compressors I

Figure 5.23 Case Study F: COF Range Plot

Under specified full-duty design conditions, the manufacturer's quoted
COP was 5,20, It was hence deduced, using (5-17), that the design liquid
injection ratio was 1,6 per cent. From Table 5.10, conditions in the
refrigerant circuit were close to full-duty design values; it was therefore
almost certain that the actual liquid injection ratio was of a similar order.

Figure 5,23 thus showed that actual COP was almost ceriain fo be above

4. However, it had fo be lower than 4,67, the value for zero liquid injection
ratiol Referring to Figure 5.22, it was thus very likely that actual COP was
within the area of joint acceptability of apparent evaporator klock load and

18 Hera, simply refrigerant-cirouit COP, No water flows passed through the vapour-
comprassion block, and all refrigerant flows passing between blocks were Included In
(8-17), which thus nesded no correction {see (6-10a)) for it to reflect actual COP,
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input power - and it was impossible for actual COP to lie in the area of joint
acceptability of apparent rgjection load and input power.

It was therefore certain that apparent rejection load was erroneously high
o an unacceptable extent. As all temperatures had been measured with
calibrated thermometers, the apparent water flows through the two
condensers of the machine were far higher than the true values.

Figures 5.22 and 5.23 sirongly implied that apparent evaporator load was
acceptably accurate; this implication, thaugh, did not amount to definite
proof. As for Case Study D, it was therefore advisable, as a precautionary
measure, to check the evaporator water flow meter when the opportunity
presented itself.

5.3.5 The Inexact Thorp Method Without the COP Range Piot

In some cases, it may be impracticable to determine the range in which
actual COP must lie, and hernce to construct the COP range plot. An
example is when the refiigerant Is significantly contaminated with
dissolved compressor oil; as explained on page 210, determining the
enthalpy of the resulfing mixture requires extra measurements and
information which are not obtainable, However, regardiess of whether the
COP range plot can be obtained, the acceplability band plot can always
be construcfed, because this latter plot involves no refrigerant-circuit
measurements. Interpreting just this plot with the aid of the
manufacturer's specifications and quoted design performance may still
yleld valuable conclusions or implications.

Such a case, shown in Figure 5.24, 1s briefly cited. Here, the heat
imbalancs, -4,7%, was small, so the areas of joint acceptability in the plot
overlapped considerably. The area of complete acceptability was thus
more than half of either area of joint acceptability, The COP range plot
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was carnstructed, but was difficult to interpret.'” However, the machine
was operating at full compressor capacity, with water flows and
temperatures close to design values, Mareover, fuli-duty design COP was
6,48. [n the region of this value of COP, it is seen from Figure 5.24 that
provided that the error in apparent input power was within the power
acceptability band, it was almost certain that apparent rejection load was
acceptably accurate, and most likely that apparent evaporator load was
so., Therefore, the implication {(which did not amount to definite proof,
though) was that all principal measurements were acceptably accurate.
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Figure 5.24 Example of Acceptability Band Plot for Small Heat
imbalance

17 This machine was equipped with an unusual system injecting a small fraclion of the
condensed refrigerant liquid [nto the side intet of the compressar to quisten It.
Unfortunately, 5o much llquid was being injected that the vapour at the compressor
discharge had negligible superheat. Almost certainly, therafore, this reftigerant was not
entirely vapour (as It should have been), but & mixture of liquid droplets and vapour, An
extra variable - the liquid content in this vapour - was thus Introduced Into the refrigerant-

cireuit COP, making the range plot difffcult 1o interpret,
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One further remark on Figure 5,24 is in order. If the possible range of
actual COP had been available, h could have correspanded well, poorly
or not at all with the range of COP spanned by the area of complete
acceptability. Good correspondence between these ranges would have
strengthened the implication that all apparent constituents of the heat
balance were acceptably accurate. On the other hand, if there had been
poor or no correspondence between these ranges, one or more apparent
constituents of the heat balance would have been unacceptably
erroneous, despite the small heat imbalance, As for the acceptability
plots of Figures 5.4 and 5.11, the most probable conclusions would have
been that either both apparent loads were unacceptably and similarly
erroneous, or apparent input power was unacceptably erroneous. Thus
the acceptabllity band plot, like the acceptability plot of the enhanced
Thorp method, can detect the presence of similarly erroneous constifuents
masked by a small heat imbalance If the range of COP spanned by the
area of complete acceptability corresponds poorly or not at all to the
range of actual COP (provided that this latter range is known).

5,3.6 Limitation of 'nexact Thorp Method

The major fimitation of the inexact Thorp method Is that without a precise
estimate of actual COP, it cannot ascertain the acfuaf performance of a
machine Thus it cannot prove that unacceptabie errors are absent from
the apparent performance, and so it cannot conclusively verify it. Where
this inexact method is used, thecefore, it is desirable, wherever
practicable, to resort to fundamental or empirical machine modelling to
finally ascertain actual performance. As explained more fully below,
knowledge of just all water temperatures, and all refrigerant pressures and
temperatures, may be sufficient for machine modelling to verify the
apparent performance and hence the principal measurements. Here, the
enhanced or inexact Thorp methods can provide valuable initial estimates
of the measurements to be verifiad (for example, the water flows).
Machine madelling is in any case necessary to be able to predict



233

correspunding normal or optimal performance, and hence assess the
actual performance once this is ascertained. In addition, modelling of at
least some machine components is necessary in order to estimate
important, non-measurable process parameters (such as water-side
fouling factors) or state variables to see which of these may have

undesirable values contributing to unsatisfactory parformance.

8.4 Veriifving Apparent Performance by Machine Modelling

Wherever, then, sither the refrigerant-circuit COP cannot be determined

precisely, or no apparent constituent of the heat balance is independently
known to be acceptably accurate, the apparent performance should, if
possible, be verified by machine modelling. As will be seen, though, this
is sometimes deceptively complicated, as any significant abnormalities -
some of which may be faults - present have to be modelled as well. The
presence of such abnormalities, due fo the extra unknown quantiities
theraby introduced, can make machine modelling very complex, or even
sometimes impracticable.

As stated in Chapter 4, if 2 water chilling machine is modelled on a
fundamental level, its specifications and the well-known principles of
thermodynamics, fluid mechanics, and heat transfer provide enough
information to calculate its predicted performance for any given set of
operating conditions - the inputs, process parameters and state variables.
The predicted measures of quality and effectiveness of performance
consist of both directly measurable outputs and der, *.d, characteristic
guantities,

When checking the perfarmance of an actual water chilling machine, the
process parameters (apart from the known machine specifications) are
generally unknown, Suppose as well that some directly measurable
inputs and outputs have not been measured accurately, and hence are
also unknown. Provided that the known specifications, fiuld properties and
inputs and outpuls permit the set of equations constifuting the
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fundamental model fo be solved for the unknown inputs, outputs, process
paramelers and state variables, the same fundamental model! of a water
chilling 11achine can be used to calculate backwards and estimate these
unknown guantities, and hence the parformance of the machine.

For exmp'e, in a conventianai mazhine, suppose that water flow-rates
through evaporator and condenser (inputs) and electrical power drawn by
the compressor motor (a measurable output) are unknown. It is then not
possible to determine any apparent constitdent of the heat balance, so the
Thorp method cannoct be used. The water-sida fouling factors (process
parameters) are unknown too. Suppose further, though, that inlet water
temperatures and the setting of the compressor capacity-regulating device
(the other inputs) and refrigerant pressures and temperatures at all key
points in the refrigerant circuit (measurable oufputs) are known. Then
there is one and only one set of water flow-rates and water-side fouling
factors which will cause the water chilling machine - operating with the
known inlet water temperatures and setting of the compresser capacity-
regulating device - to yield the set of known outlet water temperatures and
refrigerant pressures and temperatures. This set of water flow-rates and
water-side fouling factors can be found by eolving a sufficiently
comprehensive fundamental model of the machine, ¥ ils specifications are
known sufficiently well.

In general, the specifications of the evaporator and condenser are known
in detail. The required speciflcations of the centrifugal compressor are
detailed characteristic performance curves of each compressor stage;
however, as noted in Chapter 3, manufacturers generally do not release
such it . -nation. What can be done, though, is tn use artificial curves,
and match these as closely as possible to the limited amount of
performance data furnished by the manufacturer. This facility is afforded
in the CHILLER computer program (Bailey-McEwan and Panman, 1887),
described in Appendix 16, which was used in the first two case studies
now presented.
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A useful check on the accuracy of such machine modelling is how closely
the COP thereby predicted agrees with actual COP as verified by the
enhanced Thorp mathod {in cagses where the refrigerant-circuit COP can
be determined precisaly).

5.4.1 Case Study G: All Water Flow Meters Out of Order

Machine modelling verified actual performance, as now described, with
another conventional machine of the type of Figure 5.16, This cas= has
been reported by Bailey-McEwan and Roman {1992).

Here, aff water flow meters were out of order, so the apparent evaporator
and rejection loads could not be determined, The only available
measurements were inlet and outlet water temperatures, pressures and
temperatures at key points in the refrigerant clreuit, and compressor vane
apening and motor current. However, the refrigerant circuit appeared to
be in yood order, and the hot gas bypass valve was closed, so the
refrigerant-circult COP could be precisely determined and then corrected
to refiect actual COP, No kilowatt-hour meter was fitted to measure motar
input povees; all that was avrilable was the reading of motor current.
Fortunately, as this was v rhaally Identical to the full-load value on the
motor nameplate, it was a simple matter to estimate motor input power,

and hence apparent input power W,.,,. Then apparent evaporator and

rejection 'nads could be estimated as follows from (5-8b):
QEBp = COP 'WVGBp QJBB = _(1+COP)'WWEP

Evaporator and condenser water flows could hence be estimated, as all
water temperatures had been measured with accurate thermometers.
These estimated flows are inciuded in the third column of Table 5,11.
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Table 511 Case Study G; Apparent and Predicted
Performance
Apparent Predicted Design Fuli-
GQGUANTITY UNIT | Performance | Performance Duty
(waterflows | ({CHILLER | Performance
est, by Thorp | Program) for
Method) Comparison
EVAPORATOR N
Water flow-rate Iis 7¢9 79.8 64,78
Inlst water temperature °c 19,4 19,4 19,00
Cutlet water temperature C 8,4 84 6,00
Watar chilling load KWIR) 3586 3673 3526
Fouling factor m2CAN 0,000268 0,000088
Refrigerant pressure kPaa ne mees. oint 384,8 351,80
Refrigerant temperature °G 5,018 52 4,88
ECONOMISER
Refrigerant pressure kPaa 698,6 704,86
Refrigerant tamperature °C 28,9 27,6 27,90
CONDENSER
Water flowrate I/s 3385 3414 748,88
Inlet water temperature °C 39,1 39,1 40,00
Outlet water temperaiure =C 423 42,3 45,25
Water heating load KW(R) 4 488 4 577 4 417
Fouling factor mACiwW 0,00035 0,000352
Refrigerant presstre kPaa no meas. point 1 168,2 12118
Qutlet refrigerant temperature °C 48,0 480 49,71
COMPRESSOR
Vane opening % 100 100 100
Input power kw 832 503 a74
Suction temperature °C 52 52 4,55
Dlscharge temperature °C 64,3 62,8 65,60
Measures of performance
Coefficient of perfarmance (GOP) 4,07 4,07 3,96

As the ammeter indlcating motur surrent had not been calibrated, though,

it was not independently known to be acceptably accurate, and so neither

was apparent input power W,cg,. The CHILLER computer program was

therefore resorted to in order to independently verify apparenht machine

performance, All machine specifications were avallable for this purpose,

except the detailed isentropic head and efficiency curves for both stages

18 No polrt was avallable to measure this temperalure; as the refrigerant charge was
normal, It was assumed equal to compressor suction temperatwe,
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of the centrifugal compressor. The artificial compressor stage curves of
CHILLER that yielded closest agreement with the design full-duty

performance data furnished by the manufacturer were therefore used.1®

The fundamental mode! within CHILLER was solved for the unknown
water flow-rates and water-side fouling factors. Appendix 17 describes
how CHILLER was used to do this. The performance accordingly
predicted by CHILLER s given in the fourth column of Table 5.11.

As seen, apparent and predicted performance agreed very closely.
Particularly striking was the close agreement of the input power pradicted
by CHILLER (903 kW) with the apparent input power of 882 kW estimated
fram motor current and motor and gearbox specifications. Moreover, the
COP predicted by CHILLER agreed with the actual COP yielded by the
Thorp method, Therefore, in this case, CHILLER could verify, purely from
machine specifications and known temperatures, that apparent Input
power was likuly to be acceptably accurate,

The practical value of hath the Thorp method and CHILLER is strikingly
illustrated here; they revealed that one of the unknown inputs was
dangerously high In this machine. Compared to the design value in Table
5.11, the apparent condenser water temperature rise was oo low,
suggesting (which the Thorp method and CHILLER confirmed) that the
condenser water flow-rate was almost 71 per cent too high. A simple
calculation showed that the corrasponding water veloclty in the condenser
tubes was 3,8 metres per second. Velocities higher than 3 metres per
second tend to erode cupro-nickel tubes, and, of course, considerable
water pumping power was being wasted. Because the condenser water
flow meter was out of order, this dangerously high flow-rate would
otherwise have gone undetected, and could well have resulted In a costly
breakdown.

18 These artificlal curves are described In Section A15.4 of Appendix 15,
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6542 Case Study C: Two Machines In Lead-Lag Configuration

The case study of Section 5.2.6 and Figure 5.12 Is now revisited. The
machine modelling here has been reported by Bailey-McEwan (1991). In
this case the only measurad quantities known to be reliable were the
water and refrigerant temperatures. CHILLER was thus again used to
verify the apparent performance of both lead and lag machines. Again,
the set of artificial compressor curves that ylelded closest agreement with
the limited amount of performance data furnisked by the manufacturer
was used, However, as the available version of CHILLER could only
model two-stage centrifugal compressors, the real three-stage
comprass0rs had to be modelled as virual two-stage ones; Appendix 18
describes how this was done. The unknown Inputs (the commen
evaporator and condenser water flow-rates, and the vane openings of the
first stages of each compressor) and the unknown process parameters
(the four water-side fouling factors of the two evaporators and two
condensers) were adjusted, again by the method of Appendix 17, to
reproduce measured cutlet refrigerant and water temperatures in the
evaporators and condensers, The results are presented in Table 5,12,

The predicted water flow-rates through the evaporators were sirisi\gly
close to the apparent values, thus showing that these were acceptably
accurate, Also, the predicted COP of 3,32 for the lead machine was very
close to the actual COP of 3,272 yielded by the Thorp method, The
predicted COP of 3,37 for the lag machine, though, was 10 per cent less
than the actual COP of 3,722 Thus modelling by CHILLER was not as
accurate for the lag machine, most prabably because CHILLER's own
artificial characteristic curves were unlikely to have perfectly matched the
real compressar curves, and because of additional inaccuracies due to
modelling the real three-stage comprassor as a virtual two-stage one.

20 That Is, the corrected refrigerant-circult COP in Table 5.4.
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Table 512 Case Study C: Apparent and Predicted
Perfermances

QUANTITY UNIT Lead Machine Lag Machine
Predicted | Apparent Predicted | Apparent
(virtual 2- (virtuaf 2-
stage stage
compr.) compr.)

EVAPORATCR
Water flow-rate Iiis 118,1 1976 1154 1188
[niet water temperature “C 17,7 17,7 11,64 11,64
QOutlet waler temperature *C 11,62 11.61 6,04 6,03
Watar chiliing load kW(R) 3906 3 001 2707 2747
Fouling factor m*CAN| 0,00044 0,00044 000012 | 0,00012
Refrigerant pressure kPaa 375,86 3664 a47,1 3328
Refrigerant temperature *C 6,14 615 3,64 3,65

ECONOMISER
Refrigerant temp. (1st stage) [°C - 39,64 - 34,01
Refrigerant temp. (2nd stage) (*C 20,058 22,84 16,07 17,38

COMDENSER
Water flowerate Is 748,8 21,5 186,0 2115
Inlet water temperature °C 48,25 48,25 43,54 43,54
Outlet water temperatura *“C 54,48 54,48 48,02 48,92
Water heating load KWI(R) 3912 5521 351 4 788
Foullng factor m>*CANV| 0,00022 | 0,00018 | 000027 | 0,00023
Refrigerant pressurs kPag 7 437 1525 1274 1274
Outiet refrigerant temperature [°C §7,29 87,20 51,94 61,86

COMPRESSOR
Vane opening % 78 50 66 50
Input power kv aes 898 803 914
Suction temperature C 6,14 10,55 3,64 4,90
Discharge temperature °c 72,44 78,03 69,04 8743

Measures of performence

Coefflclent of performance 3,32 3.0t 337 am
(COR)

Objective conciusions about faulty instruments as well as about water

chilling machine n :rfformance could thersfore be drawn from Tahle 5,12.

The condenser water flow meter was indjcating about 39 per cent

erroneously high, and both motor kW meters were indicating too high (the
lead one by +3 per cent and the lag one by +24 per cent; the size of this

latter error strongly suggesting erroneous electrical connections),

Regarding water chilling machine performance, the high water-side

fouling factor of the lead water chilling machine's evaporator seemed to




240

indicate that its tubes required cleaning:; however, tr's might have been of
no benefit uniess the control philosophy was altered, as Chapter 6 will
show.

In this case study and the preceding one, the refrigerant-circuit COP
could be precisely determined, but apparent parformance was verified by
machine modelling because no apparent constituent of the heat balance
was known to be acceptably accurate. As stated above, machine
modelling should also be used to verify apparent performance where the
refrigerant-circuit COP cannot be determined precisely. An example of
this is Case Study D above, where the degree of opening of the hot gas
bypass valve had been observed, and its characteristics were available,
Therefare, a machine model incorporating the effect of hot gas bypass
could have been used to precisely ascertain this machine's actual
performance. Unfortunately, the available version of CHILLER did not
madel the effect of hot gas bypass, so this was not done.

The next case study illustrates the use of machine modelling not io verify
apparent performance, but to verify an abnormat internal condition,

5.4,3 Case Study A (Refrigerant Circuit Not in Good Qrder)

Even though the acceptabiiity plot may suggest that all principal
measurements are acceptable, and this is conflrmed through one
apparent constiiuent of the heat balance being independently known to be
acceptably accurate, all this proves is that the performance survey was
acceptably accurate - that is, that apparent performance accurately
reflects actual parformance. /f does not prove that the machine is
necessarily in good order; this is only proved if actual performance, upon
assessment, Is satisfactory according to the definition of Chapter 4.

If a machine s not in good order, some of its process parameters or state
variables have abnarmal, undesirable values. Difflculties may therefore
be encountered in verifying its apparent performance by machine
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modelling, as the effects due fo these undesirable values of process
parameters or state variables have to be modelled as well. Not only are
some such abnormalities very difficult to model, but the model can
become very complex and almost impracticable to use. Moreover, there is
always the possibility that an unanticipated abnormality might occur, I,
however, anticipated abnormallties can practicably be incorporated into
the machine model, vaiuable indications of whether process parameters
or state variables have undesirable values constituting faults can he
gained.

Case Study A is returned to for an example. The refrigerant and water
circults of this machine, depicted in Figure 5.8, are reproducsd in
Figure 5.25 below.

1 Orifice

= CONDENSER T <

Msamm“'ﬂfﬁ[—‘j L?‘— —
c:'rddmmar I Subcooler I_._.:],_#r |

cltiet
refrigerant
temperature Single-Sfage
Expanslon Comprassor
Valve
! ==k yater Nows
| g PofTigBrRNt flows
— ] EVAPORATOR [

Figure 5.25 Machine of Case Study A

The incentive for modslling this machine arose out of an earlier survey not
conducted by the author. In this earlier survey, the measured refrigerant
pressure in the condenser, and the outlet refrigerant temperature
(measured at the point shown), indicated that the refrigerant liquid leaving



242

the condenser was subcooled by approximately 7 degrees. As noted in
Section 3.2.5 of Chapter 3, though, a shell-and-tube condenser normally
subcools condensed refrigerant liquid negligibly in the absence of specal
arrangements. Ne such arrangements existed In the condenser of this
machine. Therefore, the only way for this amount of subcoeling to occur
was for the bottom rows of condenser tubes to be submerged in liquid
refrigerant.2! |t was not known whether such submergence had actually
accurred, though, so the veracity of this earller survey was thus placed in
doubt, The author therefore decided to confirm, by experiment, whether it
was possible to submerge the bottom rows of tubes by deliberately
maladjusting the setpoint of the liquld ievel controller of the condenser.

It proved indeed paossible to do this. Fortunately, the condenser was
equipped with a liquid level glass gauge, and the setpoint of its liquid level
controller was adjusted so as to submerge its first two or three bottom
rows of tubes ({thus submerging 58 or 93 of the 2 340 tubes). The actual
performance, as verified by the enhanced Therp method, is tabulated in
the third column of Table 5,14, The liquid leaving the condenser was
considerably subcooled, by just over 4 degrees.2

It was next attempted to reproduce this abnormal effaect, termed a “floadad
condenser”’, (the effect of a state variable, the refrigerant licuid content in
the condenser, having an undesirable value significantly above zero} in
accurate modelling of this machine. The machine model thus had to be
expanded to cater for submergence of the bottom rows of condenser
tubes In liquid refrigerant. This proved unexpectedly difficult. As

21 Two ather possible explanations were nor-condensable gas in the condenser, or
erraneously high measured condensing pressure. However, the measured outlet
refrigerant temperalure was lower than the outlet water lemperature, This would have
conflrmed aclual subeooling in the condenser if the temperature measurements had
heen known to be accurate,

22 syubeooling was now proved here by the condenser outlet refrigerant temperature
being lower {han its outlet water temperature, both temperalures being me asured with
accurate thermometers.
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described in Appendix 19 and illustrated in Figure 5.26, the real two-pass
condenser had to be modelled as three interconnected heat exchangers.
On the water side, the bottom pass of tubes now comprised "Condenser
1" (the non-submerged portion of these tubes) and "Subcooler 17 (the
submerged or flooded portion of these tubes) connected in parallel. The
top pass of tubes comprised “Condenser 2” (connected in series with
*Condenser 1" and *Subcooler 17). The entering refrigerant vapour was
condensed by both "Condenser 1" and "Condenser 2"; alfl condensed
refrigerant liguid then passed through "Subcogler 1" before leaving the

condenser.
"Condetiear 2' {top pass of tubes) —D»J A
<? "Conda b
naer 1" [ mon=subn, .. CONDENSER
¥ tubes in bettom paes} —| A
T Qilfica
| "Subcoolar 1" = /
—z} {aubmatged tubes in bottam pass) - "‘:1‘” —b-
7 P e
i . A
__I Subcooler I—*-qﬁ——f e
Single-Stage
Expansion Compressor
Valve
mm'm ‘.
| gt Falrigorant flows |
——] EVAPORATOR e}

Figure 5.26 Expanded Model of Condenser in Machine of
Case Study A
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This machine was not madelled using CHILLER, as the verslon then
available could not simulate subcooling of refrigerant liguid in a
condenser or subcooler. A spreadshset program with numerical equation-
solving capability, Microsoft Exce! 4.0, was therefore used to simulate this
machine, using the same component models as in CHILLER {medified
where necesgsary as described in Appendix 18). The compressor
characteristic curves employed w2 “typical” ones furnished by the
manufacturer; however, it was not known whether these were identical to
those of the actual compressor at its actual running speed.

Known inputs were inlet water temperatures of condenser and evaporator,
and compressor vane opening. Known outputs were refrigerant pressures
in evaporator and condenser, outlet refrigerant temperatures of condenser
and subcaoler, and outlet water temperatures of evaporator, condenser
and subcooler, A-cordingly, this expanded mode! was solved for the
unknown inputs (water flow-rates) and unknown process parameters
(water-side fouling factors) for various values of the unknown state
variable, the mass of liquid refrigerant in the condenser (expressed more
convenlently as the amount of flooded tubes therein). This state variable
could only have discrete values, corresponding to the amount of
submerged tube rows, as in Table 5.13 balow.

Table 5,13 Machine of Case Study A: Amounts of Submerged
Tube .jows and Tubes in Condenser

Amount of Tube Rows Submerged Amount of Tubes thus Submerged

m-ho:ﬁm—n
o
[+

The best correspondence to actual performance was obtained for the
value of this state variable being five rows of submerged tubes (167 such
tubes, comprising 7 per cent of the 2 340 tubes In the condenser).
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Table 5.14 lists the performance predicted for this condition, together with
actual performance and full-duty design performance for comparison.

Table 5.14 Machine of Case Study A with Flooded
Condensey: Actual and Predicted Performance

Actual Predicted Dssign Full-
QUANTITY UNIT | Performance | Performance Duty
{vorified by (Maghine | Performance
anhenced Thore | Model) for
_ ) Comparison
EVAPORATOR
Water flow-rate is 180 155,8 168
Iniet water {emperature °C 15,25 15,25 15,0
Outlet water lamperature °c 512 5,12 4.5
Water chilling load KWW(R) 6ae2 6 608 7 388
Fouling factor m=Ca - 0,0003p 0.0003
Refrigerant pressure kPaa 335 335 339
Refrigerant temperature *C ra eag, palnk 254 27
CONDENSER
Water flowerate Is 384.4 3813 377
[nlet water temperature =C 110 meas, paint 22,55 22,2
Outiet water {emperature *C 27.21 27,21 27,3
Water heating load KW{R}) 7 6652 7 442 & 050
Fouling fastor m* SN - 0,00023 0,0003
Retfrigerant pressure kPaa 781 761 754
Amount of tubes submerged 93 (3 rowa)?4 | 167 (8 rows) nif
Outlet refrigerant tsmperature “C 25,8 26,80 30,4
SUBCOOLER
Water flowerale Ifs - w1gas, poink 94,1 1
Inlet water temperature *C 22,45 22,45 22,2
Outiet water temperature °C ! 2285 22,85 22,6
Water heating load KWI(R - 158,86 200,3
Fouling factor m° . wW - 0,00041 0,0003
Outlet refrigerant temperature C 238 23,56 24,9
COMPRESSOR
Vane opening teqr. 38,9 36,4 not givan
Input power kw 925 891 1048
Isentropic efficiency % - 78,2 82,9
Suction temperature °C 4,262 2,38 30
Discharge temperature "C 40,85 42,43 41,0
Coalfficlent of performance {COP) 7,19 6,67 7,05

23 This is the combined water heating load of the condenser and subcaoler,

24 Egtablished from the liquid level In the sight glass of the condenser, and from
drawings of the tube arrangerment ihereln,
25 This corresponded to superhealing of the suction vapour by about 1,7°C. The reason
was that the mass of refrigerant In the evaporator lessened as that in the condenser (to

forge flooding of the bottom rows of tubes} Increased.

2 Gomrected refrigerant-circuit COP as in Table 6.2,
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Here, the modei could reproduce all measured water and refrigerant
temperatures,?” as well as muastred refrigerant pressures In the
evaporator and condenser. The compressor vanes, though, were
predicted to be slightly less open than in reality, and predicted Input
.awer and COP were 7 per cent higher and lower respectively.

The model over-predicted the amount of tubes that were submerged, but
this was to be expected, as the modelling assumed that heat was
fransferred solely by natural convection in the ficoded zone.2® This, of
course, was not true; there was significant forced movement of fiquid
within this zone, due to hoth its surface being disturbed by the “rain" of
condensed llguid onto it from above, and also due to its flow out of the
condenser through a single outlet. Thus there were slgnificant forced-
convection effects, which augmented heat transfer,

Sezond, a low water flow of 94,7 I/s through the subcooler was predicted;
but no reliance could be placed on this value, bacause of the uncertainty
in the very low rise in water temperature (0,4°C). As this was computed
from the indications of two separate thermometers, it was subject to
considerable uncertainty. 2 An error of just £0,1°C in this temperature
rise caused the computed water flow to vary from 79 to 128 I/s (-17 per
cent to +38 per cent of the predicted vaiu'. of 84,7 I/s). However, this was
not the case with the computed fouling factor, which varied from 0,000382
to 0,00042. Indications thus were that the subcooler fouling 1actor was
definitely above design value. As will be seen 'n Chapter &, this model
predicted further that a signlficant amount of input power would be saved
if the tubes of all heat exchangers were kept as clean as possible.

27 Exoept comprassor suction temperature; as noted in Table 5.14, the vapour atthls
point was slightly superheated, The evaporator was not modelled in sufficlent detail to
allow for superheating at its outlet.

28 5ee Appendlx 19, Section A19.4,

2 Of course, If this small temperature difference was measured directly, it would be
possible {o estimate this water flow-rale accurately.
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Here, therefore, in verifying actual performance, machine modelling could
confirm that that flooding of a small fraction of condenser tubes was the
cause of the refrigerant liquid subcoaling at the condenser outlet, This
would have been valuable to mine mnaintenance staff had the condenser
not been equipped with a liquid level glass gauge enabling direct
verification of this flooding (and most condensers of conventional
niachines are not so equipped). However, the increase in modeal
complexity required to account for this possible abnormality is
considerable, as may be gauged by comparing Figures 5.25 and 5.26.
Furthermore, if more accurate prediction of the amount of flooded tubes
had been desired, it would have been necessary to account for forced-
convection effects in the flooded zone, further increasing model
complexity. This relatively simple ¢ ase thus illustrates that expanding a
fundamentally-based rachine model to account for all possible
abnormalities may Increase Its complexity by orders of magnitude to the
point of unwieldiness. This approach is thus not necessarily the most
effective way of detecting fauits, as will be elaborated upon in Chapter 7.

5.4.4 Appraisal of Verifving Apparent Performance by Nachine
Modelling

Machine modelling, then, either by a program such as CHILLER or by
other computer-based means, enables information otherwise
impracticable to use - the specifications of the water chilling machines - to
be used in verifying apparent performance, Modelling of at lsast some
machine components is in any case necessary to estimate unknown
process parameters and state variables. Two considerations must be
borne in mind, though. First, the more accurately water chilling machine
specifications, particularly compressor characteristic curves, are known,
the more accurate is the modelling; this Is a further incentive for co-
operation between manufacturers and mines. Second, if abnormalities in
process parameters or state variables are present, the machine model
must account for these to correctly verify apparent performance. Thus in
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Case Study A, for example, a model nof accounting for flooding in the
condenser would have yielded incorrect results, inconsistent with actual
performance. Similarly, using CHILLER to verify the apparent
performance of Case Study E would have been invalld, because the
mode] of a conventional machine in the version of CHILLER then
available did not account for possibie refrigerant overcharge, and thus for
possible entrainment of liquid droplets in the vapour flow entering the
compressor. If thus remains essential to nofe all indications of possible
abnormalities at the fime of a performance survey, so that it may be
evaluated beforehand whether the avallable computer-based machine
models are comprehensive enough to be validly used in verifying
apparant performance,

5.5 Review

This chapter has attempted to provide the first desirable improvement to
current practice identified at the close of Chapter 4 - that of a confirming
check in routine performance surveys which positively verifies apparent
performance by independently ascertaining actual performancs. Three
ways of performing such a confirming check have been presented and
demanistrated, The enhanced Thorp method suffices wherever the
refrigerant-circuit COP can be precisely determined and at least one
apparent constituent of the heat balance is known to be acceptably
sccurate.

Where the refrigerant-circuit COP cannot be precisely determined, the
inexact Thorp method indicates the relative likelihood of all apparent
congtituents of the heat balance being acceptably accurate, Itis likely to
yield more definite conclusions if the range of actual COP can be
determined and machine specifications and design performance are
known. However, the inexact Thorp method cannot precisely ascertain
actual performance, and so cannot positively verify apparent performance,
as it cannot prove that unacceptable errors are absent therefrom,
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The third way of performing a confirming check is by machine modelling.
Wherever the enhanced Thorp method cannot be used to verify apparent
performance, machine modelling should be used if a fundamental,
computer-based model is available and machine specifications,
particularly compressor characteristic curves, are known sufficiently well,
Such machine models must be sufficiently comprehensive to account for
suspected abnormalities, In which case they can confirm the extent or
absence of such.

In parenthesis, ascertaining actual performance through the enhanced
Thorp method or machine modelling is a quick way of confirming, at least
coarsely, the accuracy of certain site-fitted instruments such as water flow
meters, as suggested by Kourelos {1995), Of course, this should never
replace more precise on-site calibration.

It is finally recalled that the accuracy of any confirming check is directly
dependent upon the accuracies of its confirming measurements.
Accuracy in measurement of all fluid properties, particularly refrigerant
pressures and temperatures, thus remains essential. “n added reason
for this is to ensure that any symptoms of possible abnormalities, such as
flooding of the condenser In Case Study A ui refrigerant overcharge in
Case Study E, are notfalse,

In Chapter 8, machine modelling will be used to provide the second
desirable improvement to current practice, identifled in Chapter 4, for
proper assessment of actual performance - rapid, accurate prediction of
corresponding normal performance, and of optimal performance under the

same or an alternative operating regims.
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6. ASSESSING PERFORMANCE OF WATER CHILLING MACHINES

Once actual machine performance has been ascertained by the methods
of the previcus chapter, proper assessment of this actual performance, as
stated in Chapter 4, requires comparison with at least the normal
performance for the same operating regime - and possibly the optimal
performance for the same or an alternative operating regime. Only by
cormparing actual performance with this corresponding normal or optimal
performance can the extent of unsatisfactory performance be established,
and hence the causes - within the machine or elsewhers - reliably
pinpointed and appropriate remedial action justified.

Chapter 4 concluded that fundamental mathematical modelling, if
practicable, was the most reliab'e and versatile method of obtalning
corresponding normal and even optimal performance. The present
chapter lllustrates, through some case studles of Chapter 5, the use of
such modetling in predicting corresponding normal and optimal
performance. Actual performance is then asaessed, and the questlons of
whether madifying important, estimated process paramsters or state
variables will Improve or optimise perfurmance are investigated. Some
unanticipated findings emerge for two case studles Involving pre-1980
conventional machines with a multi-stage centrifugal compressor, These
are that at part-duty, normal perfarmance may be worse than actual
performance, and that to attain optimal performance and thus maximum
utilisation of a machine from the mine's viewpoint, aitering the control
philosophy to maximise the load may be more important than maintaining
normal values of process parameters or state variables.

8.1 Computer Program Selected to Predict Normal or Optimat
Performance

Ag noted In Chapter 4, the calculations invoivad in fundamentally
modelling the performance of a water chlilling mac .Ine are impractica’e
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without the aid of a computer. Moreover, as will be shown, it is often
necessary to predict the simuffaneous behaviour of the machine and other
installation components if thelr performance is interdependent. The
CHILLER computer program, developed by the Chamber of Mines of
South Africa for the South African mining industiy (Bailey-McEwan and
Penman, 1987), is ideally suited to such work, because it can predict the
performance of complete water chilling installations, consisting of multiple
conventional water chilling machines, cocling towers, and reservoirs
Interconnected in any user-specified configuration. It was accordingly
used o predict machine performance in the case studies below, except in
Case Study A, where the same Microsoft Excel spreadshest program as
before was used, CHILLER is described in detail in Appendix 16,

It is worthwhile noting that predicting normal or optimal performance by
machine modelling Is easier than the task in Chapter 5 of verifying actual
performance thereby, because no abnormalities and their resulting
complexities have to be modesled.

6.2 Case Studies of Assessment of Machine Performance

8.2.1 Case Study A: Flooded Condenser

When it is suspecied that an undesirable value of an internal process
parameter or state variable, like flooding in a condenser, may constituie a
fault, the most direct way of verifying this is to predict performance under
identical operating conditions except for that undesirability. Accordingly,
the same Microsoft Excel spreadsheet model as before was used to
predict the . fort w1:e of L1z machine of Case Study A, with no flooding
in its condenser. The uperating regime was the same: identlcal inpuis
and the compressor * ane opening being controlled to maintain the
specified outlet chilled water temperature of 5°C. Corresponding normal
performance for this same operating regime, with water-side fouling
factors of evaporator, condenser and subcooler set to the design vaiue of
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performances, together with actual and predicted performance with the

flooded condenser, for comparison,

Table 8.1  Case Study A: Predicted Performances with
Flooded and Unflooded Condenser
Predicted Performance
Actual with with
QUANTITY UNIT |Performance] Flooded | Unflooded | Normal
with Flooded ! Condenser | Condenser
Condenser!
EVAPORATOR
Water flow-rate /s 150 1558 1585,8 156,8
Inlet water temperature °C 15,25 16,25 15,25 15,25
Outlet water temperature °c 512 512 512 512
Weter chllling load KAW(R) 6 362 & 608 6 608 6 608
Fouling factor m=CW - 0,00038 0,00038 0,0003
Refrigerant pressure kPaa 335 335 335 342
Refrigerant temperature °C no meas. point 2,54 2,53 3,15
CONDENSER
Water flow-rate Ifs 2384.4 81,3 381,3 381,3
Inlet water temperaturs °c ne meas. point 22,55 2263 2287
Outlet water tempera: = °G 27,21 27,21 27,20 27,22
Water heating load KWH(R) 7 360 7 442 7 284 7 280
Fouling factor m*>CW - 0,00023 0,00023 0,0003
Amount of submerged tubes 93 (3 rows) 187 (5 nil nll
rows)
Refrigerant pressure kPaa a1 761 753 7i8
Refrigerant condensing lnad | KWAR) - 7 244 T 284 T 250
Refrigerant subccoling load  |kKWIR) - 108 nll nil
Outlat refrigerant temperature |°C 26,8 26,80 30,42 a7
SUBCOOLER
Water flow-rate ils 1o meas. point 04,1 84,1 g4d.1
Inlet water temperature *C 22,45 22,45 22,45 2245
Quilst water temperature °C 2285 22,85 23,18 23,35
Water haating load KWI(R, - 1568 280 355
Fouling factor m*CAN - 0,00041 0,00041 0,0003
Inlet refrigerant t mperature  [°C 28,8 26,80 30,42 31,64
Outlet refrigerant iemparature |°C 23,6 23,56 24,51 24,43
COMPRESSOR
Vane opening degiess 388 36.4 38,2 35,5
Refrigerant mass flowrate kals - 50,8 51,1 61,0
Iniet volumetric flow-rate mafs - 2,65 2,67 2,61
Pressure ratio - 2,38 2,38 2,38
Isentroplc eificlency % - 78,2 79,1 77,5
input power Kw 925 082 976 1006
Suction temperature °C 4,29 2,36 2,38 2,57
Discharge temperature °c 40,85 4243 41,68 434
Coefficient of perf, (COP) 7,18 8,67 6,77 6,57

1 As In the third column of Table 5.14,
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With the condenser merely unflooded, no significantly better quality of
performance was predicted. Predicted compressor input power
decreased by 1,5 per cent. The 167 tubes previously predicted as
flooded, and thus unavailable for condensing the refrigerant vapour, were
now available for this purpose, representing a 7 per cent increase in area
available for such condensation. This decreased the necessary log-mean
temperature difference (LMTD), so the predicted condensing temperature
fell slightly from 30,8°C to 30,4°C, with a corresponding fall in condensing
pressure from 760 to 753 kPaa. The pressure ratio across the
compresser accordingly dropped by approximately 1 per cent, and
isentropic efficiency rose by the same percentage. The enthalpy rise
through the compressor thus dropped by 2,2 per cent. However, the
refrigerant mass flow-rate increased by approximately 0,7 per cent; this
was why the abovementioned decrease in input power was only 1,5 per
cent.2 These rises in isentropic efficiency and refrigerant mass flow-rate,
which had opposite effects on Input power, are now explained.

The reason for the rise in isentropic efficiency is illustrated In Figure 8.1,
As documented in Appendix 19, the compressor characteristic curves for
Isentropic efficiency were conveniently expressed in terms of vane
opening and pressure ratio. Figure 8.1 depicts the curve for the predicted
compressor vane apening with and without flooding in the condenser.3

As seen in this figure, the operatir.g point with the flooded condenser was
at a pressure ratio higher than that for peak isentropic efficiency.
Therefore, the 1 per cent fall in pressure ratio with the condenser
unflooded resulted in a 1 per cent rise in isentropic efficiency. The

2 |t will Je recalled that compressar input power (neglacting mechanical inefficiencles} is
the product of refrigerant mass flow-rate and enthalpy rise through the compressor.

3 These predicted vane openings of 36,4° and 36,2 differed so little that thelr
corresponding curves virually coincided, and are represented as one curve In Figure 8.1.



254

refrigerant mass flow-rate increased because the total subcooling load
decreased by 19 per cent from 356 kW(R) - 198 kW(R) in the condenser
itself plus 158 KW(R) in the subcooler - to 290 KWI(R), all in the subcouler.
The outlet refrigerant temperature of the subcooler, which was na longer
assisted by subcooling from flooded condenser tubes, therefore rose by
about 1°C. The correspondingly higher enthalpy of this subcooled
refrigerant, which passed through the expansion valve and then into the
evaporator, resulted in a 0,7 per cent decrease in refrigerating effect (the
t dthalpy rise through the evaporator). As the water chilling load was
identical, the refrigerant mass flow-rate rose by 0,7 per cent to
compensate for this reduced refrigerating effect,
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Fiyure 6.1 Case Study A; Predicted Isentropic Efficiencles of

Compressor with Ficoded and Unflooded
Condenser

For identical evaporator water-side performance - identical inlet and outlet
water temperatures and water chilling load - there are thus three factors,
two of which counteract, affecting comprassor input power when
condenser tubes are flooded. The two counteracting factors are
Increased pressure ratio due to the loss of heai-transferring area for
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condensing the refrigerant vapour; and decreased refrigerant mass flow-
rate owing to the increased refrigerating effect arlsing from the extra
subcooling provided by the flooded tubes. These factors increase and
decrease input power respectively. The third factor is change in
compressor isentropic efficiency. if compressor vane opening does not
change significantly, as in Figure 6.1, this efficiency Increases i the
pressure ratio approaches nearer to the point of peak efficlency;
otherwise, it decreases., (Changes in vane opening also strongly affect
efficiency, but this is lliustrated in the subseguent case studies.)

Because of the first two counteracting factors, and because the predicted
changes in pressure iatio and thus isentropic efficlancy were smali, it was
concluded that for identical water chilling load, quality of performance
woulld not significantly worsen merely because the first few rows of
condenser tubes were flooded. This conclusion offered a henefit in an
unexpected way, As noted in Chapter 5, the flooding in the condenser
was deliberately caused by maladjusting the setpoint of the condenser
liquid level controller. When this setpoint was restored to normai,
maintaining the liquid level well below the bottom rows of tubes, the liquid
which had flooded these tubes reverted to the evaporator, whence it had
come. It was thereupon noticed that compressor discharge temperature
had dropped to only one Jegres above refrigerant condensing
temperature, and thai input power had increased by 7 per centl Clearly,
therefore, liquid droplets were being entrained in the vapour entering the
compressor, so there was excessive liquid 1efrigerant in the evaporator.
Ordinarily, maintenance personnel would have withdrawn the excessive
refrigerant from the machine to prevent damage to the compressor
bearings. The alternative recommended to the mine, however, was to
move the excess liquid back into the condenser by sufficlently raising the
setpoint of its liquid leve! controlier. This offered a more convenient way,
with an insigniflcant penalty In input power, of precisely adjusting the
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amount of liquid refrigerant in the evaporator to ensure proper
performance, yet eliminate the threat of compressor damage.

The predicted normal performance, in the rightmost column of Table 8.1,
yielded an input power slightly higher than that for the condenser merely
unflooded. The reason was that the design condenser fouling factor of
0,0003 m2°C/W was 30 per cent higher than the estimated actual value of
0,00023 (In the fourth and fifth columns of Table 6.1). A higher
condensing pressure resulted. In the compressor, this fed to a higher
preasure ratio and (by Figure 6.1) a lower Isentropic efficiency, combining
to raise input power by 3 per cent. This slight rise was not significant.

------------------------------------------

However, in the light of Figure 6.1, the question thus naturally arose of
whether input power could be significantly decreased by redticing
evaporator and condenser fouling factors to minimum practicable values,
Performance for the same inputs and water chilling load was thus re-
predicted, assuming that all heat exchangers were “fairly clean" and thus
had a water-slde fouling factor of 0,00015 m*C/W, half the design value.

Predicted compressor input power fell significantly to 862 kW - 88 per
cent of that predicted with the condenser merely unflooded. The
decreased resistance to heat transfer in condenser and evaporator led to
a decrease of @ per cent in the required pressure ratio In the compressor,
This also resulted in a 1 per cent increase in refrigerating effect, and
hence a 1 per cent decrease in required refrigerant mass fiow-rate,
Owing to all these factors, the compressor vane opening reduced from
36,4 to 30,4 degrees, Isentropic efficiency remained unchanged at 79 per
cent, because the increase owing to decreased pressure ratio
counteracted the decrease due to decreased vane opening, as seen in
Figure 6.2 below. The enthalpy rise through the compressor decreased
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by 11 per cent. This decrease and that of 1 per cent In refrigarant mass
flow-rate combined to yield the 12 per cent decrease in input power.
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Figure 6.2 Case Study A (Unflooded Condenser): Predicted

Isentropic Efficienicies of Compressor for Actual

Fouling Factors and Fouling Factors of
0,00015 m**CANV

Finally, performance for the same inputs and water chilling load was
predicted with “almost clean” heat exchangers - that is, with ail water-gide
fouling factors set to 0,00005 m2°C/W. For the same reasons as before,
predicted input power fell further to 807 KWV « 82 per cent of that with the
condenser simply unflooded.4 For the machine under its actual operatir.g
regime, which was close to design specification,® the model therefore
predicta. that maintaining the tubes of all heat exchangers as clean as

possible would yield optimal performance, wat is, minimal input power.

4 |sentropic efficiency decreasad by only 1 per cent because of the same counteracting
affects of decreased vane opening and decreased pressure ratio.

5 See Table 5.14: the actual inputs - water flows and Inlst water temperatures of
gvaporator, condenser and subcooler- were in the neighbourhood of their design v~lues.
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The predictions of the model indicated that for identical inputs and water
chilling load, remedying the slight flooding in the condenser wou'd not
save a significant amount of input power, This abnormality therefore did
not constitute a fault. Un the contrary, as mentioned above, it offered a
more convenient way of avcornniodating a small refrigerar. overcharge,
by simply permitting the excess refrigerant liquid to reside in the
candenser, with an insignificant power penalty.

The actual pressure ratio of the compressor was past the point of peak
isentropic efficiency. Therefore, a significant power saving of the order of
10 per cent was predicted if the tubes of all heat exchangers were kept as
clean as practicable by effective water filtering and conditioning. Thls was
bscause predicted Isentropic efficienny hardly decreased; the decrease
due to the lower vane opening was almost cancelled by the increase
owing to the lower pressure ratio. Here, therefore, cleaning the heat
exchangers and so improving their performance was predicted to optimise
the performance of the whole machine for no disadvantage to its mine.

I\ had to be remembered, though, that the accuracy of all these
predictions was directly dependent upon the accuracy of modelling, and in
partizular on the accuracy of compressor modsliing, where limited
Inforination is normally available from manufacturers. Here, as noted in

C apter 5, the manufacturer did provide more information than usual, In
the form of “typical" compressor characteristic performance curves;
however, whether these corresponded exactly to those of the actual
compressor at lts actual speed was unknown. For example, if - contrary
to the model - actual pressure ratio had not been past the point of peak
isentropic efficiency, no worthwhile power saing might have accrued from
cleaning the tubes of the heat exchangers. Clearly. therefore, accurate
compressor charauterlstic performance specifications must be to hand if
accurate models are desired from which valld concluslons can be drawn.
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It is fair to expect, though, that such information will only be released if
manufacturers as well as mines percelve sufficient advantage therein.

6.2.2 Case Study G: All Water Flow Meters Oui of Urder

The actual perfarmance of this machine, as verified by the CHILLER
program, is listed in the fourth column of Table 5.11. Assessing the
performance of this machine was particularly importz nt because the
actual evaporator and condenser water flows - which were unknown until
ascertalned by the Tharp method and verified by the CHILLER program -
were 23 and 71 per cent above their design values,

...........................

First, corresponding normal performance was predicted. In this regard, it
was important to recall that the compressor was operating at full capacity,
with the inlet guide vanes of the regulated flrst stage fully open; but also
that the measured evaporator outlet water temperature of 8,4°C was
considerably above the design value of 6,0°C. So, in contrast fo Case
Study A, the machine had not lowered its chilled water delivery
temperature to the design value,® and was operating at full capacity in a
sustained attempt to do this. Normal performance was predicted for the
same operating regime: identical svaporator and condenser water flows
and Inlet water temperatures, and the machine attempting to deliver
chilled water at 6,0°C. The process parameters - the water-side fouling
factors of the evaporator and condenser - were decreased from their
esiimated actual values of 0,000260 and 0,000354 mz°C/W to their design
values of 0,000088 and 0,000352 m?*C/W respectively. Thus while the

8 Of gourse, the reason for this was an off-design operating regime: the actual
evaporator water lowerate, 79,8 I/s, was 23 per cent above Its design valuel The
dacision whether a higher-than-design chilled water dellvery rate at a higher-than-design
temperature of over 8°C better sulted the prevailing working condltions, and was hence
acceptable, rested with ihe mine.
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evaporator fouling factor was reduced threefold, there was no
distinguishable reduction in the condenser fouling factor,

Table 6,2 Case Study G: Predictions of Normal Performance
Performance pradicted by GHILLER
UNIT Actual Narmal Normal {at || Desfgn full~
deslgn duty values
condenser for
water flow- || comparison
rate)
EVAPORATOR
Watar flow-rate ifs 79,8 78,8 79,8 84,78
Inlet water temperature °c 19,40 19,40 16,40 15,00
Outlet water temperature  |*C 8,40 7.87 8,11 6,00
Water chilking load KW(R) 3673 3818 3771 3526
Water-side fouling factor | m*CAWV| ©,000280 0,000088 0,000088 0,000088
Refrigerant pressure kPaa 365 378 380 381,0
Refrigerant temperature  |*C 821 £.35 6,49 4,88
ECONOMISER
Rafrigerant pressure kPaa 599 "7 730 704,86
Refrigerant temperature "C 27,50 28,65 28,26 27,90
CONDENSER
Water flow-rate Ifs 341.4 3414 1989 198,88
inlet water temperature *C 39,10 39,10 39,10 40,00
Cutlet water iemperature  |°C 42,30 42,43 44,73 45,26
Water heating joad KWI(R) 4 577 4781 4710 4417
Water-slde foullng factor  [m®CANV| 0,000354 0 000352 0,000352 0,000352
Refrigerant pressure kPaa 1163 1173 1221 12119
Quitlet refrigerant lemp. b ] 48,00 48,34 50,08 48,71
COMPRESSOR
Vane opening % 100 100 100 160
1st stage mass flowsrate | kp/ls 288 30,0 20,8 27,8
1st stg. inlet vol. flowrate Ims 1,36 1,37 1,36 7,33
1st siage Iseniropic head 1kJ/ko 11.42 11,24 11,50 11,84
1st sig. Isentr. efficlency |% 72,5 71.4 73,0 73,75
2nd stage mass flonerale | ko/s 339 35,2 35,4 33,1
2nd stg. inlet vol. flow-rate |m3s 0,89 0,90 0,89 0,86
2nd stage Isentropic head | kJfkg 9,38 8,08 9,46 8,46
2nd stg. [sentr. efficiency % 70,8 67,8 71,4 73,75
Input power kw! 203 245 538 874
Suction temperature *G 5,21 8,35 6,49 4,56
Discharge temperature o 62,78 83,75 64,53 65,60
Coefflcient of perf. {COP) 4,07 4,04 4,02 3,96

Normal performance predicted by CHILLER is tabulated in the fourth
caolumn of Table 8.2, and as expected, was not a significant improvement.

Compressor vane opening remained at 100 per cent, because the

machine could still not attain a chilled water delivery temperature of
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6,0°C. Predicted chilled water dslivery temperature dropped to 7,97°C,
still well above this value. Water chilling load rose by 3,9 per cent, and
inpui power rose by 4,6 per cent. Thus the COP dropped slightly and
insignificantly from 4,07 to 4,04,

It is of value to show why the rise of 4,6 per cent in input power was
greater than that in water chilling load. This was because inlet volumetric
flow-rate in both compressor stages increased by the order of 1 per cent.”
Therefore, because the inlet volumetric flow-rates at actual performance
were past the points of peak Isentropic efficiency, the predicied isentropic
efficiencies of the first and second stages decreased from 72,5 to 71,4 per
cent, and from 70,8 to 67,8 per cent, respectively, This is fllustrated in the
lower plot, in Figure 6.3, of the artiflcial compresscr characteristic curves
used in the CHILLER pregram to mode! the real compressor,

Again, it had to be remembered that the accuracy of these predictions was
directly dependent on the eccuracy of compressor modelling. Here, in
contrast to Case Study A, the usual situation prevailed where the
manufacturer had supplied only limited, full-duty performance data.
CRHILLER's artificial compressor stage curves, used to model the real
compressor, had therefore been selected to reproduce the specified full-
duty performance at design conditions, and thus to coincide with the rea:
full-capacity curves, whatever these were, at the design operating points.
Therefore, in the nelghbourhood of these design operating points, it was
reasonable to expect good correspondence between the artificlal and real
full-capaclty curves.

In this case, for both predicted actual and normal performance, both
compressor stages were operating on their full-capacity curves, because

7 Refrigerant mass flow-rate through both stages increased by the order of 4 per cent,
but this was almost cancelled L7 a 3 per cent decrease In rafrigerant speclfic volumes at
both stege Inlets, owing to the higher pressures In the evaporator and economiser.
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the vanes of the first compressor stage were fully open and the second
stage was unregulated. Moreover, the predicted operating points on
CHILLER's artiflcial full-capacity curves, shown in the plots of Figure 6.3,
were close to the design (full-duty) operating points, also shown there.
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Therefore, reasons wfidence could be placed tn CHILLER's
predictions of actual and corresponding normal performance. It was
unwise, however, to place complete confidence therein, because there
was no guarantee that the peaks of isentropic efficiency were at the
design operating points, as assumed by CHILLER's ariificial curves® and
so depicted in the iower plot of Figure 6.3. Hence it was prudent to
merely conclude that predicted normal performance, owing to the greatly
reduced evaporator fouling factor, would yield about 4 per cent increase
in water chilling load for no significant change in COP. Mareover, the
machine would still not attain its deslgn chilled water delivery temperature
of 8°C unless the evaporator water flow-rate was reduced to the
neighbourhood of its design value,

---------------------------------------------------

it will be recalled from Section 5.4.1, Chapter 5 that the actual condenser
water flow-rate was dangerously high, being 71 per cent above the deslgn
value of 198,89 /s, It was thus natural to ask whether there was any
benefit in the condenser water flow-rate being so high. CHILLER could
also be used to answer this questlon, simulating the machine under
identical inputs except for the condenser water flow-rate being reduced to
its design value, and evaporator and condenser fouling factors remaining
at their design values. Predicted performance under these conditions is
tabulated in the fifth calumn of Table 6.2.

Predicted chitled water delivery temperature rose from 7,97°C to 8,11°C,
water chilling ioad dropped by 1,2 per cent, and compressor shaft power
dropped by 0,7 per cent. Thus the COP dropped slightly further, from

8 This was assumed in the version of CHILLER then avallable. However, as stated by
Cahill {1974), “... each manufaciurer of centrifugal refrigeration compressors must llmi
himseif to a finite range of impellers, each with Its own characteristics’. Thusitils
unlikely that In every machine, the peak efficiencles of one or all compressor stages will
ocaur at the machine’s specified full-duty design conditions.



264

4,04 to 4,02, This would be insignificant in reaiity. Predicted condensing
temperature rose to 50,08°C {which was not excessive, as deslgn
condensing temperature was 49,71°C), and the compressor did not go
into surge. Thus the indication was that the actual, excessive condenser
water flow-rate yielded no benefit whatsoever for the mine.

Predicted condenser outlet water temperature naturally rose from 42,43°C
to 44,73°C, because of the much-reduced water flow-rate, A furtiy.
question thus arose. Wouild the temperature of the water at the
condenser inlet (i.e. the water returning from the heat rejection plant,
consisting of a single cooling tower) remain at 39,10°C under these
conditions, and if nct, how would this affect performance? Furthermore,
what would the influence of the two other machines in the water chilling
plant be?

It is thus seen that, as soon as it is attempted to predict the effect w. _.y
substantial change in the operating conditions of v..@ machine, it is
nacessary to consider its whole water chilling installation, due to the
inevitable interacting effects between the water chilling plant (and
between svery machine in this plant) and the heat rejestion plant. As
noted previously, CHILLER has been designed for just such a task.

-------------

Accordingly, using CHILLER, the normal performance cf the two usually
operating machines (that of Case Study G and its neighbovr) in the water
chilling plant was predicted, with their evaporators connected in parallel,
as they actually were. The water flow-rate through the evaporator of the
neighbouring machine was assumed tc “e 75 I/s;? that of the machire of
Case Study G, from Table 6.2, was 78,8 /s, The condensers, also in

9 A for the machine of Gase Study @, the water flow mstat s of its neyhisus vere aut of
order. }t was therefore assumed that its evaporator water flow-rat. was roughly similar.
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parallel, were connected in & closed cirruit to the heat rejection cooling

tower, Water flow-rate through each condenser was set at the design

value, 198,9 I/s; the flow-rate through the tower was thus 399,8 I/s. The
predictions are given in Table 6.3 helow.

Table 8.3 Case Study G; Normal Petformance of Machine

and Neighbour Gonnected to Heat Rejection

Cooling Tower
Normal performance
predicted by CHILLER
UNIT | Machine of Naigh- Design full-
Case Sludy bouring duty values
G machine for
comparison
EVAFORATOR
Water flowerate is 79.8 75,0 84,78
tnlet water temperature °C 19,40 20,30 19,00
Outlet water temperature °C 8,20 8,31 6,00
Water chilling load KW(R) 3740 3 764 3526
Water-side fouling factor m#*CANY| J,000088 0,000088 0,000088
Overail conductancs {UA) KWieC 692,6 681,86 §89,22
Refrigarant pressure kPaa 381 283 361,0
Refrigerant temperature °c 6,59 6,77 4,88
ECONOMISER
Refrigerant pressure kPaa 739 742 7046
Refrigerant tempsrature *C 29,72 20,87 27,90
CONDENSER
Water flow-rate Is 109.9 198,92 189,88
intet water temperature “C 40,2¢ 40,26 40,00
Outlet water temperature “C 46,85 45,88 45,26
Water heating load KWIR) 4679 4708 4417
Water-side fouling factor m*C/MW| 0,000352 0,0010352 0,000352
Qverall conductance {UA) kWrC 602,8 602,6 655,22
Refrigerant pressure kPaa 1251 1 264 12115
¢+ let refrigerant temperature °C 51,16 51,22 49,71
COMPRESSOR
Vane opening % 100 100 100
1st stage isentropic head kd/kg 11,66 11,63 11,84
1st stage Isentropic efficiency % 73,7 73,6 73,75
2nd stage isentropic head kdfkg 0,68 6,64 9,98
2nd stage igentropic efficlency % 73,0 72,7 73,75
Input power kw 235 945 874
Suction temperature *C B,58 6,77 4,55
| Discharge temperature °C 65,22 65,32 65,60
Cosfficlent of performancs (COP) 3,68 3,98 3,86

Predicted inlet condenser water temperature of hoth machines rose by

one degree to 40,26°C; chllled water delivery temperatures were 8,2 and
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8,3°C respectively; and COPs drapped slightly and insignificantly further
to 3,88. Thus the predicted influence of the neighbourling machine and
the heat rejection cooling tower were not significant. The dominating
factor was that the compressors of both machines coritinued to operate at
full capacity in vainly attempting to reduce the temperatures of the higher-
than-design evaporator water flows to 6,0°C. Because the operating
points on the full-capacity stage curves of both compressors were close to
the design points and safely away from the surge points, they were
insignificantly affected by the rise of one degree in inlet condenser water
temperature.

.........................

The performance of the machine of Case Study G was thus assessed as
follows, There was no benefit in the actual condenser water flow-rate
being 71 per cent above design value; this was the worst aspectof a
badly off-design operating regime,'¢ and had to be remedied urgently in
order to avold tube erosion. The benefit to be gained by maintaining the
fouling factors at design values was negligible, being a reduction in
chilled water delivery temperature of 0,2°C to 8,2°C, representinga 1,8
per cent increase in water chilling load for no improvement in COP.
Therefore it was not necessary to clean the evaporator tubes for this
reason. Only if the evaporator water flow-rate was reduced to
approximately its design value would the machine attain the desired
chilled water delivery temperature of 6°C,

As noted In Chapter 5, the water flow meters of this machine were entirely
out of order, so the excessively high condenser water flow-rate would
have gone undetected had the Thorp method not been used to ascertain
actual performance (which machine modelling then verified). Premature

19 The other aspect being the evaporator water flow-rate of 23 per cent above dasign
value,
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tube failure in the condensear would most probably have occurred,
resulting in costly repairs and downtime,

6.2.3 GCase Study C: Two Machines in Lead-Lag Configuration

The actual performances of both machines hers, as ascertained by the
Thorp method on the basis of the apparent evaporator water flow-rate
being verified by the CHILLER program, are given in Table 5,12, It will be
recalied from Chapter 5, though, that the version of CHILLER availzble at
fhe time could model only two-stage centrifugal compressors, so in using
CHILLER to verlfy apparent performance, the real three-stage
compressors were modelled as virtual two-stage ones. In further use of
CHILLER here to assess actual performance, therefore, comparisons
were always made with the pseudo-actual performance - hereafter termed
"« -stage actual" performance - predicted with the virtual two-stage
compressors, rather than with the actual performance obtalning with the
real three-stage compressors. This was done so that the comparisons
would be internally consistent and thus of maximal validity,

The machines were attaining their desired chilled water delivery
temperatures, and corresponding normal performances for the same
operating regimes were first predicted for each machine In Isolation. Each
machine was simulated under the same evaporator and condenser water
flows and inlet water temperatures. The vane openings of the regulated,
first compressor stages were set to malntain the aciual evaporator outlet
water temperatures of 11,62°C and 6,03°C respectively. The process
parameters - the evaporator and condenser water-side fouling factors -
were set to their design values of 0,000088 and 0,000176 m**C/W
respectively. Predicted normal performances - and "2-stage actual’
performances from Table 5.12 - are tabulated comparatively in Table 6.4.



268

Table6.4 Case Study C: Predictions of Norma! Performance

gf Machines

Performance predicted by CHILLER

Lead Machine Lag Machine
UNIT || "2-stage Normal “g-stage Normal
actual” actuat”

EVAPORATOR
Water flow-rate is 118,1 1181 1154 1154
Inlet water temperature °C 17,70 17,70 11,64 11,64
Outlet water temperature  :°C 11,682 11,82 6,04 6,03
Water chilling load KWAR) 3 006 3 006 2707 2708
Waler-side fouling factor [ m*C/wW| 0,000438 | o,000088 || 0,000122 | 0,000088
Overall conductance (UA) {kwi°C 3683 664 1 5825 625,0
Refrigerant pressure kPaa ars 416 347 350
Refrigerant temparature °c 8,14 947 3,64 3,91

ECONOMISER
Refrigerant pressure kPaa 568 575 506 500
Refrigerant temperature C 20,05 20,50 18,01 15,59

CONDENSER
Water flow-rate ifs 149,8 149 . 168 156.
Inlet water temperature C 48,25 48,25 43,54 43 54
Cutlet water temperature  [°C 54,49 54,58 48,82 48,93
Water heating load KW(R) 3912 3681 3519 3520
Watar-side fouling factor  |m2*CAN] 0,000219 | 0,000178 || 0,000287 | O,000176
Overall conductance (UA) |kWFC 733,85 8092 666,8 814,2
Refrigerant pressure kPaa 1437 1427 1275 1250
Qutiet refrigerant temp. °C 5728 56,08 51,94 51,10

COMPRESSOR
Vane opening % 78,4 54,2 65,8 61,3
1st stage mass flow-rate  |kg/s 22,24 2208 19,61 19,56
1st stg. inlet vol, flowvate [mys 4.02 082 0,97 0,96
15t stage isentropic head | kJ/kg 7.22 5685 6,58 6,18
1st stage 186ty efficiency [% 70,2 435 80,1 53,0
1st stage Input power kw 225 286 214 228
2nd stage mass flow-rate [ kg/s 30,40 2097 26,19 2598
2nd stg. Inlet vol. flow-rate | m¥s 0,98 0,95 0,83 0,94
2nd slage Iseniropic head | kdfkg 16,87 16,88 16,94 16,82
2nd stage Isentr. efficiency | % 75,9 75,7 75,3 75,5
2nd stage Input power kw 676 658 589 582
input power kw ] 954 80% 811
Suction temperature °c 6,14 8,47 3,64 3,81
Discharge temperature °C 72,44 76,08 69,04 69,31
Cosfficient of perf. [COP) 3,32 3,15 3,37 3,34

For the lead machine - where the evaparator fouling factar was reduced
fivefold from its estimated actual value of 0,000439 {0 0,000088 m*C/MY -

input power at predicted normal performance rose by 5,5 per cent! Yeta

decrease in input power was expected, because evaporator conductance

(UA) Increased by 80 per cent, as seen in Table 6.4. This increass in
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evaporator conductance, though, caused evaporating refrigerant
temperature to rise by 2.4 degrees to 9,5°C, and at this higher
temperature, the specific volume of refrigerant vapour leaving the
evaparator decreased by 9 per cent. Consequently, even though the
refrigerant mass flow-rate through the first virlual compressor stage hardly
decreased, the inlet volumetric flow-rate decreased by 10 per cent. The
head demanded of the first stage also decreased significantly, so the
vanes closad to 54 per cent opening, where the isentropic efficiency was
far lower at 43,5 per cent. This is shown in Figure 6.4 below. "ower input
to this first stage therefore climbed by 25 per cent! Isentropic head and
efficiency of the unregulated second virtual stage were virtually
unchanged; power Input to this stage dropped insignificantly by 1 per
cent,

In this case, therefore, the prodicted benefit of cleaning the heavlly foul=d
evaporator tubes of the lead machine was negative - there was actually a
notable power penalty! This was because the vanes of the first virtual
compressor stage, in closing to maintain the same chilled water delivery
temperature, materially reduced the efficiency of this stage."t

For the lag machine, predicted input power rose for the same reasons, but
by only 1 per cent, because the difference between estimated actual
evaporatar fouling factor and its design value was much less. Power input
to the irst virtual stage rose by 7 per cent, and that to the second virtual
stage dropped by 1 per cent. Isentropic head and efficiency of the latter
stage again remained virtuaily unchanged.

1 o cheok if input power reached a minimum somewhere between actual and design
values of evaporater fouling factor, performance was predicted for & range of evaporator
foullng factors between !i.ese values, Minimum Input ptwer was almost at the actual
evaporator fouling facte of 0,000438 m*C/W. Thus even moderate cleaning of the
tubes would have increased input power.



