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SUMMARY

Hydraulic motors that are available on the market fall basically into the two principal
categories of low speed, high torque (LSHT) and high speed low torque (HSLT) coupled
with gear reducers. The constructional features of these types of motors are discussed
together with an examination of some of their major differences. As would be supposed,
a significant demarcation between these categories is their maxdmum speed of
operation. The lower speed of LSHT motors has allowed the creation of many different
designs which is mostly reflected in the reciprocating components.

A major aspect of the thesis concerns the modelling of a particular type of radial piston
motor of the eccentric type with which the author has been involved over a number of
years. A comparison between the predictions from the model and measured results
shows that changes in the level of friction in the sliding joints are principally a result of
changes in the internal geometry during the pressure cycle. ‘ ' o

The results of an examination of squeeze film effects suggests that these play a major
role in the performance of the motor even when operating at speeds of less than 5
rev/min. This examination includes an investigation of the possibility of hydrodynamic
lubrication from which it is concluded that its existence over a major part of the
operating speed range is unlikely.

The level of component distortion is shown to be of critical importance to the motor
performance in its effect on the lubrication of the sliding faces. In some components
this could create the conditions necessary for hydrodynamic lubrication to occur but in
others this has the opposite effect.

On the basis that the sliding faces at low speeds experience boundary lubrication, the
model was shown to predict the performance of the motor with reasonable accuracy.
This incorporated a variation in the friction coefficients with the changes in the motor
geometry during a pressure cycle. The range of these variations was found to agree
substantially with that obtained from the results of experimental work of other
researchers in the field. \

ii



The model is then used to examine the effect of changes In various motor design
parameters on the motor performance. A major conclusion of the work is that the
mechanical efficiency at low speed is principally affected by the type of spherical joint
used in the motor. The thesis is concluded with the examination of the performance of
a motor design that uses a pressure balanced bearing to avoid the problems of low
mechanical efficiency at low speed. This design of the author is compared with some

recent developments in high torque motors which have adopted similar methods.
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NOTATION

o - Con Rod Angle

Ap - Pressure Area

Ap - Pressure Area

Ag - Slipper Mean Effective Area

B - Temperature Viscosity Coefficient

Cp - Specific Heat

D - Motor Displacement

Dp - Piston Diameter

d, - Restrictor Diameter

d. - Cylinder Diameter

d, - Slipper Pocket Diameter

dg - Outside Diameter of the Slipper

~ da - Spherical Bearing Pocket Diameter .

d, - Outside Diameter of the Spherical Bearing
ec - Difference between the Slipper and Eccentric Radii
Jo - Slipper Friction Coefficient

fp - Piston Friction Coefficient

JB - Con Rod Bearing Friction Coefficient

F - Piston Force

Fg1 - Con Rod Contact Force

Fga - Con Rod Force

Fc1 - Slipper Contact Force for Contact Angle 8;
Fco - Slipper Contact Force for Contact Angle o
F; - Inner Piston Force

F5 - Outer Piston Force

Fp - Hydrostatic Slipper Pressure Force

Fy - Radial Force at Con Rod Bearing Centre
Fr - Normal Force at Con Rod Bearing Centre
Fr - Total Squeeze Film Force

Fp - Hydrostatic Force

Fy; - Con Rod Hydrostatic Force

Fi - Squeeze Film Force - Inner Region



F_ - Squeeze Film Force - Outer Region

Fx - Spring Force

F; - Seal Force

F, - Hydrostatic Force

h - Leakage Clearance between the Slipper and the Eccentric
h; - Movement between the Piston and the Con Rod
Hj - Minimum Film Thickness - Tapered Plate

H, - lM1axdimum Film Thickness - Tapered Plate

K, - Viscosity Pressure Coeflicient

L - Con Rod Bearing to Eccentric Centre distance
Lg - Distance on Con Rod Centreline to Slipper Face
L, - Slipper Width (straight edge)

Lp - Slipper Feed Restrictor Length

L; - Inner Piston Length

L, - Outer Piston Length

L4 - Con Rod Bearing Centre to Cylinder opening distance at TDC (6 = 0)
Lc - Spherical Cup to Eccentric Centre Distance .

Lp - Spherical Cup to Shaft Centre Distance

L, - Spherical Cup to Eccentric Centre Length (6 =0)
M - Con Rod Frictional Moment

M - Motor Mass (Chapter 1)

Mg - Gearbox Mass

N - Rotational Speed

n - Gearbox Ratio

P - Motor Cylinder Pressure

Ps - Supply Pressure

Pp - Hydrostatic Slipper Pocket Pressure

P, - Maximum Squeeze Film Pressure

p - Pressure

Pr - Hydrostatic Slipper Pocket Pressure Ratio - Pp/P
P, - Power

Q1 - Ideal Torque from one Cylinder

@ - Actual Torque from one Cylinder

Owmr - Ideal Motor Torque

QM - Actual Motor Torque

Qg - Gearbox Qutput Torque
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Our - Theoretical Mean Torque

AQF - Slipper Friction Torque Loss

AQg - Geometric Torque Loss

AQ - Total Torque Loss

Qs - Slipper Leakage Flow

Rp - Eccentric Radius

Rg - Distance between the Eccentric and Shaft Centres
Rs - Slipper Face Radius

Rp - Con Rod Bearing Radius

Rc - Con Rod Bearing Cup Radius

r - Radius from Con Rod Bearing Centreline

To - Inner Radius from Con Rod Bearing Centreline

rc - Radius of Con Rod Bearing Contact from Con Rod Bearing Centreline
r1 - Outer Radius from Con Rod Bearing Centreline

Sj - Outer Cup Contact Force

T - Temperature

. T, - Supply Temperature

t - Time

x - Piston displacement from TDC position

B, - Slipper Contact Angle - 0 < 8 < 90°

B2 - Slipper Contact Angle - 900 < § 180°

Be - Angular Contact in Con Rod Bearing

Bm - Angle subtended between the Slipper Centre and its Edge

Bm - Con Rod Bearing Contact Angle for
Maximum Squeeze Film Pressure (Chapter 4 Appendix I)

Bs - Reference Angle for Tilting of the Slipper
¢ - Shaft Twist Angle

Y - Angle

A - Angle

W - Dynamic Viscosity

Uo - Dynamic Viscosity of Supply Fluid

K1 - Dynamic Viscosity at given Temperature
TMm - Mean Mechanical Efficiency
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n; - Instantaneous Mechanical Efficiency
p - Fluid Density

6 - Shaft Angle

8¢ - Con Rod Bearing Contact Angle

® - Width of the Slipper Lands
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CHAPTER 1

HYDROSTATIC MOTORS
1.0 BACKGROUND

The author has been involved over a number of years with various aspects of the

design and performance of the radial piston eccentric type of motor and its

application. In 1969, wlilst working with a design consultancy organisation, he was -

engaged in a number of projects on behalf of Chamberlain Industries who, at that

time, manufactured a range of motors under the name of Staffa.

During 1975-1977, when the author was a lecturer at the University of Bath, he was
engaged on further work including some practical tests on the Staffa motor itself.
Later, whilst working with the company as Technical Director during 1977-1981,
this work continued in order to develop more fully and improve the motor design.
As is discussed in detail in the thesis a major problem related to difficulties in

modelling the effect of friction in the various sliding components and the oil flow

“through the pressurised hydrostatic slipper bearings.

Such a model was required in order to obtain an impreved understanding of the
mechanical losses and how these were related to the observed motor performance.
Modelling techniques would provide improved methods of predicting how the motor
behaves at different conditions of speed and pressure. Their use could also indicate
where component manufacture could be changed to improve the performance
and/or reduce the product cost.

The author was subsequently involved with motor design whilst working with
Commercial Hydraulics who were contemplating producing a radial piston motor for
which the company had manufacturing rights. This motor employed a similar
principle of operation as that used in the Staffa motor and as a consequence of
experiences with the motor and work on possible alternative designs the author
completed a design using a different method of operation.

This design, which was related to ideas developed at Staffa and to a motor type
produced by an Italian company, was intended to have improved operating
characteristics particularly at starting and at low speed. It also provided an
opportunity of reducing the cost of manufacture.



Eventually the company discontinued its interest in this type of motor and the
author subsequently returned to the University of Bath with the Fluid Power Centre.
Since that time the author has continued work on modelling techniques which has
also included the use of the hydraulic simulation package developed at the
University. This package has been used to examine the problem of motor speed
regulation at low speeds on which topic the author presented a paperl at the 8th

BHRA International Fluid Power Symposium.

The radial piston eccentric motor as commonly produced is of the low speed high
torque type. In the field of application these need to be compared with high speed
motors that are derived from pump designs. These have low:r displacements and
are generally used at high speed, the lower torque, as a consequence, requiring a
reduction gear box to meet the same torque requirements of the final drive. Such a
comparison, which involves a number of parameters, was presented by the author in
a paper? at the 7th BHRA International Symposium in 1986 and is discussed in the
thesis.

There is, then, a sharp distinction between high and low speed motors which tends
to be dominated by product price. Because every type of hydraulic system requires
a pump, their manufacture is a significantly large proportion of the total produqtio_n _
' of hydraulic units. As a consequnce additional use of the same fypé of units for

motors serves to improve the unit cost of manufacture.

The development of the low speed motor really started in the 1950’s for specific
applications in all the market sectors. The numbers produced did become
significant where such motors were, in the main, produced by manufacturing
companies that were not involved with other hydraulic products. This reflected an
entreprenurial activity to satisfy a perceived market need. @ However, the
considerable demand to improve the operating speed and pressure of the high speed
units, particularly for pump use, coupled with the growth of available low cost gear
reducers, has resulted in a sizeable loss of market share for low speed motors.



The disparity in the relative positions of low and high speed motors in the market
place and the difference in commercial scale of the manufacturing organisations
involved is reflected in the number of technical papers on aspects of pump and
motor design and their performance. There has been, particularly in recent years, a
considerable amount of university research mostly in Japan, the UK and
W.Germany involving specialised test rigs and applications of FE methods to
examine in detail the lubrication mechanism between all the sliding surfaces. In
contrast to this there is hardly any published work relating to such investigations
for low speed motors.

As was demonstrated by the author2, the low speed motor has some significant
advantages in relation to high speed motors and there are areas of development that
could make a useful contribution to both the component manufacturers and the
user industries.

2.0 OBJECTIVES

A major objective of this thesis is, therefore, to collect together the accumulated
experience of the author in respect of work on a particular type of radial piston
motor and methods for modelling to provide information on the design, performance
‘and use of the motor. The results of tests carried out both at the University of Bath |
and in industry at various times are used for comparision with the model. They are
also used in conjunction with the model to investigate the mechanisms of friction
that act in the sliding components.

The work also makes a comparative assessment of the different types of motors that
are available together with a detailed analysis of a motor design method proposed by
the author.

3.0 A COMPARISION OF THE AVAILABLE TYPES OF HYDRAULIC MOTORS

3.1 Introduction

The development of high pressure hydraulic water systems during the 19th Century
saw many innovations. One of these was a radial piston motor3, manufactured in
1875, which is shown in Fig 1. This was used for driving a rotary saw of 5m
diameter for cutting steel rails. Hitherto the saw was driven directly from a steam
engine. The major advantage claimed by the inventor was the reduction in shock
damage afforded by the use of a hydraulic drive.



However, aside from such isolated developments, hydraulic motors generally
speaking were essentially the same units as pumps requiring, for the majority of
applications, gear reducers to provide the requisite load torque. For piston units the
type mostly used are of the axial swash or bent axis design shown in Figs 2 and 3.

3.2 Design considerations for the distribution valve in low speed motors

The development of low speed radial piston motors allowed considerable freedom in
the method used for converting the linear movement of the piston to rotational
movement of the shaft because of the reiétively low maximum speed, the main
consideration being the achievement of high mechanical efficiency during starting

and low speed operation.

Pumps are designed to run at high speed which in most applications is either
constant when driven by an electric motor or over a small range of speeds when
driven by, say, a diesel engine. In the bent axis and swash units it is normal to
allow the rotating cylinder block to be free in the axial direction so that a proportion
of the cylinder pressure force is used to force the block against the valve plate. This
provides a seal against leakage as the fluid is transferred from the stationary casing
containing the inlet and outlet ports to the rotating cylinders. The great majority of
‘both industrial ‘and university research Has been directed at gaining a greater
understanding of the processes involved in the valve seal operating interface in order
to allow increases in operating speeds and pressures. Notable work on this aspect
was that in the UK carried out by BHRA some results of which are summarised in
the book by Turmbull4.

In most low speed radial piston motors it is necessary to transfer the fluid from the
statioriary port casing through a shaft driven valve into the stationary cylinder
housing. Obviodsly the design requirements of this type of valve are different to
those in the high speed units and this geometric constraint would appear to require
the design to be of a more complex nature. However whilst this is the case it does
allow the diameter of the valve to be kept small which is of considerable benefit as it
minimises the frictional torque from this component.

In the high speed units this freedom does not apply and at low speeds this frictional
loss can be quite appreciable. On the other hand for high flow rates the valve size
becomes important and it is often the case that the high speed limitation in low
speed motors arises as a consequence of the pressure loss in the distributor valve
and/or a limit of the surface rubbing speeds in the component.



This difference in design can be seen by comparing the low speed axial swash type
motor shown in Fig 4 with the high speed motor of Fig 2. In the low speed motor the
valve is made integral with the shaft thus allowing it to be of much smaller diameter.
However there is an additional reason for the differences in the design which relates
to the location of the rotating cylinder block in the low speed motor.

As low speed motors can transmit torque directly to the driven unit it is necessary to
make the shaft sufficiently strong to carry side loads on the shaft end. For example
in applications such as winches or vehicle drives the motor bearings are often used
to provide partial, or complete, structural support for the driven load. This usually
prevents using the cylinder block to provide a seal with the distributor valve as in
high speed units.

3.3 Types of available low speed motors

Various types of radial piston motors are shown in Figs 5 to 11 all of which employ
different methods for transferring the piston force to the output shaft and
distributing the fluid to the cylinders. The motors shown are in two groups
comprising those using eccentrics in Figs 5 to 9, and those using a cam in Figs 10
and 11.

3.3.1 Eccentric motors

The principal difference between the eccentric types lies in the method used to
convert the reciprocating motion of the piston to rotary motion of the shaft. In Fig 5
this is facilitated by the use of a con rod that incorporates a spherical bearing
between the con rod and the piston. The type shown in Fig 8 uses an oscillating
cylinder that is mounted in trunnion bearings.

The slipper in this motor bears against a sleeve that rotates on the eccentric by
means of needle roller bearings. Thus the slipper only has to move a small amount
relative to the sleeve during one rotation of the shaft. In the unit of Fig 5 the slipper
contains a hydrostatic bearing to reduce the friction between this and the eccentric.
Here the relative velocity between the slipper and the eccentric is much higher than
in that of Fig 8 but this can be advantageous in the avoidance of stiction at low
speeds.



The distributor valves in these motors employ quite different principles. The motor
in Fig 5 uses a rotating spool containing internal passages that direct the flows from
the motor ports to the appropriate cylinder ports. That of Fig 8 has a plate valve
having equal pressure areas to maintain 'é.-force on the valve regardless of which

supply port is at high pressure.

The motor of Fig 7 has a cylinder body that rotates on the eccentric. This is located
radially by an Oldhams’ Coupling that is shown by dotted lines behind the shaft at
the bearing on the drive shaft end. The pistons slide against the flat pad inside the
outer casing. Distribution of the flow is made by the grooves on the eccentric which
are connected by drillings in the shaft from slip ring connections at the supply ports.

The motors in Figs 6 and 9 are similar to that of Fig 8 except that they each use
different methods for obtaining the oscillatory motion of the cylinders. Fig 6 uses a
spherical joint which also acts as the seal for the piston. The motor in Fig 9 uses
telescopic cylinders to transfer the pressure force to the eccentric. These are both
mounted at their ends in spherical bearings that employ hydrostatic bearings.

3.3.2 Cam motors

Both the motors ‘of Figs 10 and 11 convert the piston force into torque by means of .
cams ;I'hat'of Fig 10 has a fixed cylinder body with a rotating case whereas that of
Fig 11 has a rotating cylinder that is connected to the output shaft. The motor in
Fig 11 employs a single roller between the piston and the cam but that in Fig 10
uses rotating element bearings for this purpose.

These motors have an advantage over the eccentric types in that they can be
designed to produce zero torque ripple with no hydraulic loads on the shaft
bearings. However their maximum operating speed tends to be limited by the cam
roller bearing. It is not possible to obtain variable displacement from these motors
as in the eccentric type.

4.0 DESIGN CONSIDERATIONS FOR THE RECIPROCATING COMPONENTS

The conversion of the piston movement to rotational movement of the shaft requires
an oscillating joint which, because of the relatively low sliding velocities, is a major
source of friction losses particularly at low operating speeds. This frictional loss is
likely to increase when the velocity falls to zero during the pressure cycle.



For both types of high speed units this joint is effected by a ball and spherical cup
but there is an important difference in their mode of operation. In the bent axis unit
of Fig 3 the cup component on the output shaft rotates which creates sliding
between the cup and the ball, the amount of which depending on whether or not the
piston rotates in the cylinder. Rotation of the piston in the cylinder will depend on
the relative values of the friction coefficients and the exact position at which the
resultant force from the piston can be said to act in relation to the ball centre.
Whether or not such rotation occurs, some form of sliding motion will take place in
the ball joint.

For the swash plate unit it is possible for, say, the vertical axis of the slipper pad to
maintain itself parallel to the vertical axdis of the swashplate in which case it, and the
piston, can act as a solid body with the piston rotating in its cylinder once per
revolution of the cylinder block; if this were the case there would be no movement in
the ball joint. At the other extreme if the piston is irrotational with respect to the
cylinder it will rotate with respect to the swash plate and as a consequence sliding
motion in the ball joint will take place.

Such aspects have been investigated by Hooke5 together with work on measurement
of the film thickness between the slipper face and the swash plate. Ikeya with Ezato
and Kobayashi6.7 have investigated variously the levels of friction and leakage
between the piston and the cylinder and the effects of distortion between the slipper
and swash plate.

During starting and low speed when frictional forces are at their maximum it is
probable that localised contact will occur between the slipper and the swash plate in
order to provide sufficient force to overcome the frictional forces that are acting in
the various sliding faces. As is described in Chapter 2 the model derived for a
particular type of radial piston eccentric motor considers this force and the effect of
slipper leakage on the slipper hydrostatic bearing pressure.

For the axial piston units this is a very complex 3 dimensional problem with a large
number of possible relative movements between the various components which are

dependent on the amount of friction present.



In the radial piston eccentric motors there is no possiblility of rotation of the slipper
which consequently eliminates possible alternative movements. A further significant
difference is that the engagement of the slipper with the eccentric provides, at worst,
line contact as compared to that for the swash plate unit described previously.
Here the localised contact could be considered to act at a point between the slipper
and the swashplate which probably creates higher frictional losses during starting

and at low speeds.

In both types of the axial units the reaction force that acts through the centre of the
ball joint creates a bending moment on the piston. This action causes reaction
forces between the piston and the cylinder which increase as the piston moves out
to its maximum position. These forces give rise to friction which has been measured
by Ezato and Ikeya® at different pressures and speeds using a special purpose test
rig.

In most of the radial piston motors such overhang is avoided with a consequent
reduction in the piston to cylinder friction. The friction in the ball joint itself creates
reaction forces in both the piston and the slipper and the differing geometry in all of
the various types of motors will be affected by this to varying extents.

5.0 OTHER PARAMETERS AS A BASIS OF COMPARING MOTORS

Users of hydraulic motors obviously need to be aware of how their application affecté
the performance of the motor which may predetermine, to a degree, the type of
motor that is selected for the drive. However, of prime consideration in the selection
process are the overall dimensions of the motor including its installed weight and
the need or desirability of using a gear reducer.

The comparision made by the author in a paper? is discussed in the next section.

5.1 A Performance Comparision of Hydrostatic Piston Motors

The operating speeds obtained from an examination of the data for a selection of
major European, American and Eastern motor manufacturers are shown in relation
to their displacement in Fig 12. In this and subsequent figures the types of motor
mdicated by number are shown in Table 1. Any point on a graph of speed against
displacement represents a flow, this being the product of speed and displacement.
Thus a line of constant flow is given by:

Speed x Displacement = Constant



or N = Constant/D
On logarithmic scales this becomes:
Log N = Constant - Log D

For a given operating pressure this line represents one of constant power. Fig 12
shows lines for power levels of 105 and 255 kW at a pressure of 210 bar.

It can be seen from Fig 12 that in general low speed machines produce a given
power at displacements in the range six to ten times greater than those of the high
speed mactines. If a range of motors having different displacements for machines
employing identical design principles are obtained by dimensional scaling, for a
given sliding velocity in the motor, the corresponding motor speed will vary inversely
with the linear size. For this situation and taking motor displacement to vary as the
cube of the linear size, the relationship of speed with displacement is represented
by:

N{D)1/3 = Constant (1)

This relationship is shown in Fig 12. For each type of motor tﬁe position of the line
.may be located to correspond to a particular machine size selected as a datum. The
importance of the relationship lies in its slope and it can be seen that, in general
terms, the different types of machine follow this relationship quite closely. A typical
value of N D1/3 for an aero outward radial pump is shown on Fig 12 for comparision.

5.2 Machine Size

The size of the varlous machines, bearing in mind the different shapes of each type,
is best represented by their mass.

The masses of the motor types shown in Fig 12 are presented in Fig 13 as a function
of displacement. It can be seen that for a given displacement there is a wide
variation in mass between the different types considered.

For a family of similar machines the mass, M, would be proportional to the
displacement, D. From Fig 13, it can be seen that the high speed machines
generally follow this relationship quite well whereas the mass of the low speed radial
machines increases at the lower rate that is approximately proportional with D2/3,



5.3 Specific Performance

Considering the varying shapes of the different types of motors a very effective way
of making a performance comparison is to present the torque and power to mass
ratios (ie specific torque and power) as a function of the machine displacement. For
the machine types identified by number on Figs 14 and 15 these parameters are
shown for an operating pressure of 210 bar.

This information presents quite a different picture from that previously shown in
Figs 12 and 13. It can be seen that the low speed motors have specific torque
values of between four and fifteen times greater than those of the high speed motors
and at low displacements some of the high speed machines have values of specific
power which are between one and four times greater than that of the low speed
machines.

For a family of similar machines having the same maximum sliding velocity as
described by equation 1, the ratios of the torque, Qum, and power, P, to the mass at
a given pressure would be given as follows:

Om/M = Constant (2)
and (P, D1/3)/ M = Constant 3)

It can be seen from Fig 14 that for each of the machines the specific torque tends to
a constant value. The trend of specific power variation with displacement for the
different machines generally follows the relationship of equation 3 even though the
machines employ distinctly different design principles. Many of the machines can
be operated at pressures much greater than 210 bar and where such pressures are
used the machines will show higher performance values.

8.4 Constructional Features

The data presented in Figs 12 to 15 demonstrates that, to a large extent, the
different types of motors considered have clearly defined characteristics in terms of
their mass and performance parameters. The high speed machines have, in general,
similar operating speeds but there is a significant distinction between the mass
values of the swash and bent axis types of motors. There is also a marked difference
in the relationship of the specific performance parameters with displacement which
must be considered as a reflection on the principles of construction.
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The variation in mass of the low speed motors for a given displacement is very much
less than that of the high speed machines and their speeds tend to have the same
trend with displacement. The specific performance characteristics of the eccentric
and cam motors show a distinctly different trend in that the cam motor peaks at a

much higher value of displacement than does the eccentric motor.

5.5 Scale Factors

It is interesting to note that whilst the high speed machines have, for a given
displacement, operating speeds of the order of four to five times greater than those
of the low speed machines, the relatively light weight of the low speed machines
results in the values of specific power of both types being similar. Also, the fact that
all the types considered tend to follow the same scale relationship for specific power
in respect to displacement could be taken to indicate that there is a natural limit for
this parameter. However, it is more than likely that machines employing different
design principles will have different constraints on their maximum performance, and
such conformity to the scale relationship of specific power for all the types of
machines would not necessarily be expected.

The fact that different types of aero pumps8 achieve much higher values of specific
‘power 'indicates that the apparent performance similarity between the various |
motors is to some extent coincidental. The reason for the similarity is more likely to
lie in the aims of manufacturers to meet the same performance specifications. The
fact that the levels of development effort expended have varied enormously between
manufacturers shows that improvements in the performance of some machines can
be still be made.

Linear scaling may be used to increase motor displacement but the technique
cannot be applied universally since consideration must be given to particular design
principles. For example, where there are bending moments arising from pressure
forces the deflections will increase proportionally with the linear scaling factor.
Such deflections may be unacceptable in instances where shape is important, as for
example at the faces of pressure supported bearings and sealing lands. These limits
to linear scaling together with the use of common components in machines of
different capacity are probably the significant factors in the deviation of machine
performance from the various scale relationships used in the analysis.

11



5.6 Geared Drives

The use of multi ratio gearboxes provides a very attractive method of increasing the
effective displacement, since, by selection of the appropriate gear ratio, a range of
torque and speed requirements can be covered by a given motor frame size. It was
observed previously in relation to Fig 12, that high speed motors produce a given
power at displacernents between one tenth and one sixth of the values in low speed
motors. In general terms, the effect of adding a gearbox will be to increase the value

of specific torque and to reduce the value of specific power.

The epicyclic gearboxes commonly used are, in practical terms, limited to a
maximum ratio of around 7:1 per stage. As can be seen from Table 2, which has
incorporated typical gearbox mass values, the use of the same gearbox frame size to
cover a range of gear ratios can result in the overall mass of the combined drive not
being as favourable as it otherwise might be. The values of specific torque and
power for the combined drive are as follows:

(Oc/Mcom=(nQOm / (Mg+ M =n(Qv / Mimotor) / (1 + Mg / M) (4)
(Po / Micom =Po / (Mg+ M) = (Po / Mimotor / (1 + Mg / M}  (5)
" n = reduction ratio, M = gearbox mass
Thus In terms of torque, power and mass for the same operating pressure, the high

speed combined drive can be roughly equivalent to the best low speed motor for gear
ratios up to about 10:1.

However, this does depend on the way that the parameter n / (1 + Mg / M) varies
with the gear ratio and output torque level. Therefore, the values will depend on the
particular machines and gearboxes in question. The information of Table 2 is shown

by the dotted lines on Figs 12 to 15 for comparision with the values obtained for the
low speed motors.

6.0 CONCLUDING REMARKS

As described in the opening section, the purpose of the work is to present a model of
a particular type of low speed motor to allow an evaluation of the sensitivity of the
motor performance to:

a) Various design parameters in order to provide information for optimising the
performance.
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b) Values of friction coefficients which may be either static or dynamic (stiction,
coulomb, velocity dependent etc) or variable with time due to squeeze film effects.

The comparison of the different motors shows that the low speed types, whilst of
lower mass and weight, are limited in terms of their maximum speed capability in
relation to that of high speed motors. The reasons for this disparity will be explored
together with an investigation of the various factors that affect the lubrication of the
contacts where relative sliding takes place.

For low speed motors high efficiency at low speed is obviously of paramount
tmportance but it would be advantageous to examine areas in which improvements
can be obtained to increase their maximum operating speed.

13



TARLE 1

Identification of motors types used in the Figures

1. Variable displacement axial swash plate
2. Fixed displacement axial piston swash plate
3. Variable displacement bent axis

4S5 Fixed displacement bent axis

6. Axial piston swash plate LSHT

78 Radial piston eccenfric LSHT
9. Radial piston cam LSHT

TABLE 2

High Speed Motor Gear Ratio ; Gearbox mass ;Effective Displa;emenf "

7:1; bOkg;  |22.5:1; 170kg; |45:1; 180kg
11260cm™rev | 4050cm¥rev | 8100cm®/rev

M Speed
Displacement (:;)s (re\‘/)/eniin) Mass |Speed {Mass |Speed |Mass | Speed

180(cm¥rev) | 45 2750 85 | 393 | 215 | 122 | 225 | 61
160 2250 |200 | 321 | B0 [ 100 |30 | 50

105 380 270 | 185 425 | 150

Low S Motor
peed 145 275 455 | 135 700 100
7:1; 70kg; 22.5:1;180kg;
High Speed Motor 2520cm*rev | 8100cm®/rev

360(cm*/rev) | 140 2200 210 | 314 | 320 | 98
330 1850 400 | 264 | s10 82

150 260 425 [ 150

Low Speed Mator 280 | 185 | 700 | 100
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DIRECT-ACTING CIRCULAR SAW. /Uh-J*

Fig 1 EARLY WATER POWERED HYDRAULIC MOTOR
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Fig.2 COMMERCIAL AXIAL PISTON MOTOR

Fig .3 REXROTH BENT AXIS MOTORS
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Fig.4 TOSHIBA AXIAL PISTON MOTOR

Fig.5 STAFFA RADIAL PISTON ECCENTRIC MOTOR
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Fig. 10 HAGGLUND RADIAL PISTON CAM MOTOR

Fig.1lt RENOLD RADIAL PISTON CAM MOTOR

19



8000 Np 77LINE| FOF

AEF0 PUMPS
5000
4000
3000

1)5 CON

BENT
2000 OTDFS

SPEED

(REV/MIN) U\LV\ St Etc
AXIL SWASH \ VSMTH GfcAfcREhUCEI

1000

500 PEA
400
300

DIAL

AND
200 TOR

150

SPLACEMENT (CM3/RE\
100

150 200 300 400 500 700 1000 2000 3000

FIG.12 RANGE OF MOTOR OPERATING SPEEDS WITH DISPLACEMENT



RADI/, L PISI

MASS (kg)

AXIAL
30 -HSTQNI

SWASTH

MOTOF

AXIAL
PISTON
BENT

AXIS SPLACEMENT (C
*MOTORS

,20. 30 40 50 60 8 100 150 200 300 ~00 500 700 1000 2000

3000 5000 10000
FIG .13 VARIATION OF MOTOR MASS

WITH DISPLACEMENT



-60
-50

-30

10

=g

10

cn

20

FIG.I4

30

SPLACEMENT (CM J/ REV

AD 50 60 80 100 150 200 300 400 500 700 1000
VARIATION OF MOTOR SPECIFIC TORQUE WITH DISPLACEMENT

HSLT MecnroilS
PLi1IS C1” 6 0X

2000 3000 5000



(kW /kg)

SPECIFIC  POWER
S awe

SN
o o

n
—)

“w
o >

(5]
o <=

o [\ l:J
1
o >

[w=)

30 40 50 60 80 100

FIGIS VARIATION OF MOTOR

HSLT WlcrroPS

PLus

200 300 400 500 700 1000 2000
DISPLACEMENT (CM*/REV)

SPECIFIC POWER WITH DISPLACEMENT

3000

5000

7000 10000



CHAPTER 2

MATHEMATICAL MODELLING OF THE HYDRAULIC MOTOR
1.0 INTRODUCTION
As described in Chapter 1 radial piston eccentric motors are manufactured in forms
that embody many different principles of operation. In this study a mathematical
model of the motor type shown in Fig 1, is .developed in which it is assumed that the
components are inelastic. This analysis is aimed principally to establish the
geometrical relationships for the forces acting including those due to friction which
are assumed to be represented by friction coefficients.
20 FORCE TRANSFER TO THE ECCENTRIC
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In the motor the force from the piston is transferred to the eccentrie through the
spherical joint in the piston to the connecting rod and the slipper. The slipper is
hydrostatically balanced by feeding high pressure fluid from the cylinder to the
slipper pocket through a restrictor. The effective projected area of the slipper face is
greater than that of the piston and consequently the slipper lifts off from the surface
of the eccentric until the oil leakage through the clearance space has reduced the
pocket pressure to a level such that the slipper force just equals that of the piston.
This is an ideal situation and assumes that there is no tilting of the slipper face. If
the problem is further simplified to a flat bearing, the pocket pressure can be
obtained by equating the flow through the restrictor and the slippér lands.
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For a flat bearing assuming laminar flow:

) ndy(P - P,) ) P, h°L,
128 uL, 12puew

(2.1)

where dg = restrictor diameter
L; = total mean length of the slipper lands

o = width of the slipper lands
Lp = restrictor length

The height of the leakage space (h)} is the lift or clearance between the slipper and
eccentric faces and this is taken to be constant at all points around the slipper. The
effects of the comners of the rectangular slipper are assumed to have a negligible
effect on the ﬂovs;' and pressure distribution across the lands. The flow through the
clearance space will thus produce a pressure that varies linearly across the slipper

lands as shown thus:
lP
| =i =

- —
1k ————————
Pressure y

P
P

P

The pressure force on the slipper lands will therefore be equal to the land area x
Pp/2. Thus the total slipper pressure force Fp = PpAg, where Ag is the mean effective
slipper area. For this force to balance that from the piston (PAp} we get:

P,=PA,/A (2.2)

Hence from equation (2.1) assuming that the dynamic viscosity is the same in the

restrictor and the slipper leakage path.

o 12 ond ( P lj
128L L, | P 2.3)
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Taking the dimensions for the motor from the data in Table 1 we get

>

P
P P
—=0.925 = —
Ag P (2.4)

And h=0.016 mm

For the case of a circular slipper and eccentric having the same radii, h will be a
radial clearance the value of which will reduce with the distance from the centre
line that is common to both of these components. Thus the maximum bearing lift
will be slightly greater than 0.016 mm. “ -t

The slipper force is directed along the centre line of the eccentric and, in the absence
of any other forces acting on the connecting rod and changes to the viscosity in the
slipper clearance space, the clearance would be sustained during rotation of the

motor shaft.
3.0 THE EFFECT OF FRICTION IN THE SLIDING COMPONENTS

The spherical joint being of ‘a smaller diameter than the piston brovides only a
limited amount of hydrostatic balance against the force from the piston. The design
of the piston cup is such that in the unpressurised state there is line eontact between
the surfaces at an angle of 45°. As a consequence there will be distortion of the

spherical faces and high pressures in the region of contact.

During rotation of the shaft sufficient torque needs to be provided to  overcome the
frictional moment created by this bearing. Thus for movements from Top Dead
Centre (T.D.C.) when the con rod angle is increasing (0<6<90°) there needs to be a
force distribution around the slipper face to provide a torque about the spherical

joint centre. .
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For the analysis it is assumed that a single force acts at an angle ] to the vertical

centre line 0102. This force would be the resultant of the force distribution that

arises from contact between the slipper and eccentric faces.

Piston

Eccentric

CYLINDER CROSS- SECTION

in the ébsven-ce'of- a friétiénal torque in the con rod bearing the slipper would be able
to lift away from the eccentric surface so that the hydrostatic force is equal to that
of the piston as described in Section 2.0. Referring to the diagram if the slipper
makes contact with the eccentric along the line O] 09 (ie 81 = 0), the hydrostatic
pressure (Pp) will increase because of the reduced leakage area between the slipper
and the eccentric. If 8] is then increased, there will be an increase in this leakage
area thus causing the hydrostatic pressure to reduce because of the increased flow
through the restrictor.

For a given value of 1, the leakage area will depend on the difference between the
slipper and eccentric radii (ec) (not shown on the diagram). Thus for a given value of
ec, when f increases beyond a certain value, the hydrostatic pressure force will fall
below that required for equilibrium with the piston force. This will result in a force
(Fc1) at the contact point and as f is increased further, Fc will also increase.

Referring to the diagram it can be seen that as f; increases the length of the torque
arm between the line of action of F¢i and the con rod bearing centre Og also
increases. The value of F¢j] that is required to overcome the con rod bearing
frictional torqué is thus reduced. As a consequence of these variations with g1, the
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operating value of Fciwill be that which satisfies both radial equilibrium and the

con rod bearing frictional torque.

4.0 THE CONDITIONS FOR CONTACT

As stated the so-called 'contact' force occurs at a position which satisfies
equilibrium but, as a consequence, creates frictional resistance between the slipper
and rotating eccentric. For static and low speed conditions (0<N<5 rev/min) it is
likely that the fluid film in the 'contact region' will be extremely thin when the

frictional process will pertain to that of boundary lubrication.

The objective of the analytical method that is developed in Section 5 is to establish
how the motor torque varies with the shaft angle 6. This involves the determination
of pi in the way described in Section 3.0. Before this method can be effected it is
therefore necessary to determine the magnitude of the shaft movements that are

associated with changes in the value of

The curvature of the slipper will be a function of manufacturing tolerances and the
level of distortion created by the imposed forces. Experience has shown this to have
a radius in the region of £75 micron in the unloaded condition relative to that of the
eccentric. The slipper leakage flow analysis contained in Appendix Il deals with the
effect of such variations in this curvature. In the following analysis the slipper is
assumed to have a slightly larger curvature than that of the eccentric the geometry

of which is shown exaggerated in the following diagram.
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L
For changes in the angle 8} from zero, movement of the contact point from B to C is

achieved by the slipper rolling around the eccentric. This causes a vertical
movement of the con rod bearing centre 02 by the distance 'h' and a rotational

movement to 0’5 away from the cylinder axis by the angle ¢ where ec << Rp.

The slipper radius centre O, will rotate around O; by the angle 8; and in order to
cancel the movement of 02 the motor casing including the shaft centre will have to
be rotated by the angle ¢ about the centre O;. Thus by geometry the angular shaft

movement ¢ can be determined.

From the diagram we have:
Ry b= (Rp + ec)A

AR,

RD+ec

A=

For  AOLOB

A+ 7y +180-p =180
Yy =p-A

For  ABO,O, and A0,0,0,

LRy = (RD + LR)¢

- ¢ = LRy = LR ﬂlec
(Rp+Lg) (Rp+Lp)(Ry+e)
"= Lg Bec
Rp(Rp +1Lg) ' (2.5)

Take ec =75 um and B = 10°

and for Lr=63.5mm

Rp = 79.4mm
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gives 4.2 x 10 3(deg)

and 7 =9.4 x 10"3(deg)

Note that & * ec(l - cos( pY+ PM)) at the extreme edge
Forpm =28°

h =12 x 10-3mm

Thus it is shown that to establish a value of/?i = 10° incurs negligibly small

movements of the shaft and the con rod axes.

5 THE MATHEMATICAL MODEL OF THE MOTOR

5.1 Introduction

Equations are developed in Appendices I to V for the forces in the motor components
and the output torque in terms of the angular position of the motor shaft and the
contact angle P\. The analysis assumes quasi steady state conditions for low motor
speeds when dynamic effects can be neglected. The equations are summarised in
this section together with a description of the methods used in the software

developed for their solution.

5.2 Piston displacement and con rod angle
<x*
O
0O -0
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The piston displacement and con rod angle are related to the shaft angle by the

following equations:

i Re st 6
sna—Tsn (2.6)

and X =L(l1-cosa)+ R/(1-cos¥8) (2.7)
These relationships are shown in Fig.2 for the motor dimensions given in Table 1.

The dimension L) is the distance between the con roi bearing centre and the inner

edge of the piston. The initial distance (TDC when 6 = Q). between the con rod bearing
centre and the inner edge of the cylinder is denoted by Lg.

When X > L4 - L}, the inner piston edge emerges from the cylinder and the distance
between the con rod centre and the cylinder edge is denoted by Lg where Lg = [4 - X

The significance of the dimension L) or Lg relates to the piston forces which are

discussed in Section 5.5. In this particular motor the con rod bearing centre
eventually emerges from the cylinder and Lg becomes negative.

5.3 Slipper forces

As described in Section 3.0 and 4.0 the slipper is considered to contact the eccentric
at an angle 81 to the line connecting the eccentric and con rod bearing centres (01 02).

The analysis in Appendix I is concemed with the resolution of the slipper forces
parallel (Fy) and normal (Fp to the centre line of the cylinder axis passing through

the shaft centre.

The equations for these forces (Equations 9 and 12 Appendix I) are:

Fy=F,cosa+ KF,, + J,F., 2.8)
and F. = Fpsina+ JF,, + J,F_, 2.9)
where Fp = slipper hydrostatic bearing pressure force

Fc1 and Fcg are the slipper contact forces where Fog =0 for 0< 6 < 90°
with the contact angle =
and Fci = 0 for 90° < 9 < 180° with the contact angle = So.

31



~,

The coefficients K and J2 are functions of a, and fc and the coefficients J and Js

are functions of a, fa andJo.

5.4 Forces acting on the con rod bearing

0 <O <rqo°

RESISTING
MoMEMT K

The con rod bearing is subjected to the forces exerted on the slipper which, together
with the frictional forces thus created in the bearing, determine the normal forces

between the spherical bearing and the piston cup as described in Appendix IIL

The shape ofthe cup is such that contact with the sphere is over a narrow band at a
nominal angle - The pressures acting around the contact band would have to be
integrated over the line of contact in order to equate for vertical and horizontal
equilibrium and obtain the frictional moment about the spherical joint axis

through Oz and parallel to that of the motor shaft. Here the bearing is treated as

cylindrical and inelastic in order to simplify the analysis. As a consequence it is
assumed that there are two forces FB7 and FB2 acting at an angle 6¢ to the cylinder

axis. The analysis in Appendix IIl is concerned with establishing the magnitude of

FBI + FB2 as this determines the friction in the bearing. These are given by
equations (45) and (49) Appendix Il which are:

1+ *"B2> BgFm + BqgFt 2.10)

for 0 < 6 <90°

and Fbi+FB2=Vm +V t (2.11)
for 90° < 6 < 180°

Here F =fN-FH

32



where F# = Hydrostatic force on the con rod bearing

and fh = PTRBsin @ )2 2-12)

The coefficients Bo, Bo, Eq,Eq are functions ofJb and Oc

5.5 Forces acting on the piston

As a result of the frictional forces in the con rod bearing the piston will experience a
torque about the con rod bearing centre which will be resisted by the piston forces

F\ and F2 shown in the diagram. When the con rod angle a reaches its maximum

value at 0 =90°, the direction ofthis torque will reverse thus changing the direction

of the forces F\ and F2.

The magnitude and direction of F| and F2 will however be dependent on the con rod
bearing friction coefficient JB and to a lesser extent the slipper friction coefficient

fc. Both ofthese affect the magnitude of the contact force FQ and the contact angle /3.

The magnitudes of F\ and F2 are also affected by the distance from the con rod

bearing centre to the outer and inner edges of the piston. As described in 5.2 the

inner piston length L\ changes to Lo as the piston emerges from the cylinder when
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L,=L,-X . As a consequence the action of the piston forces needs to be

considered in regions that are related to the shaft angle.

The piston forces are derived in appendix IV and are as follows:

For 0 6<90°

Fy=D/\F, + D,F, {2.13)

and F2 = F1 + F'r (2.14)

where the coefficients D; and Dy are dependent on fg. For X > L4 - L, these

coefficients are also dependent on Lg (which is a function of 6).

For 90° < 9 <180°

Fi=GFy + GF, (2.15)
F,=F - F (2.16)

Here G} and Gg are dependent on fg and Lg. In this region the con rod centre emerges

from the cylinder when Lg becomes negative.

5.6 Equilibrium of the radial forces

There has to be equilibrium of the forces acting at the con rod bearing. In Appendix

IV this condition is satisfied by equation 54 which applies in the region 0 < 8 < 90° .

Restating this equation and dividing by the piston force Fwe get.
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(2.17)

The coefficients D3 and D4 are dependent on D\, D2 and Jp but D4 is additionally

dependent on /ft, 9and Jg.

For the region 90° < 9 <180°, Fcz Is given by:-

(2.18)

The coefficients Hs, H+ and Gi are related to the motor geometry and friction

coefficients in a similar way as D\, Ds; and Ds+. Ha4 is also dependent on fa, 0andJp.

Thus, at a given shaft angle and for given values of the friction coefficients,
the contact force Fo will vary with 3and Fp/F.

5.7 Hydrostatic bearing pressure and force

The pressure in the hydrostatic bearing is dependent on the leakage flow across the
slipper lands. This creates a pressure drop in the bearing restrictor which is

supplied from the cylinder pressure.

SLIPPEP.

ECC&KITE\C
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For the slipper contact angle 8;, shown in the diagram, the leakage area between the

slipper and the eccentric will depend on the difference between the slipper and
eccentric radii (Rg and Rp) which is denoted by ec .

The analysis of the leakage flow in Appendix II therefore considers three conditions

which are as follows:

(a) Rs > Rp with tangential contact at 81<Sp where fjsis the maximum angle
subtended by the slipper around the eccentric as shown in the diagram.

(bj Rs > Rp but with non-tangential contact when f1=8p» . In this situation
small rotations of the eccentric will be associated with contact of the slipper at its
edge against the eccentric. The geometrical relationships required to obtain the

area are different from those used for (a).

(c) Rs < Rp with non tangential contact between the slipper and the eccentric.
This condition is deliberately contrived in an attempt to minimise the effects of
distortion of the slipper face. The geometrical relationships required to obtain the
leakage area are different, and more complex, than those required for (a) and (b).

Taking condition (a) by way of example, the relationships in Appendix II obtained
for the hydrostatic bearing pressure Pp as a function of the contact angle 31 can be

summarised as follows:

P
P _ 1
P 1+Kf (B) 2.19)
128e3L
where K6= —C—i
1270d

Lp is the length of the feed orifice
o is the width of the slipper lands

dp is the feed orifice diameter
L
also  f(fy) =2Ry (I + 1) + —(hy + ) (2.20)
C

where Ly, 1is the mean peripheral length of the slipper lands
Ir and I, are the values of the integral I given by equation 19 Appendix II.
These and the edge clearances hg and hy, are dependent on §j.

36



Thus knowing Pp the hydrostatic bearing pressure force is given by:

Fp = PpAg (2.21)

where Ag is the effective slipper area

Fp

Fp As (2.22)
F

_Pp4s
P A,

F
The variation of FP- with B; can ncw be established by equations 2.19 and 2.22. As

a consequence, the variation of the contact force with 8 can be obtained from
equations 2.17 for 0< 6 < 90°. Intheregion 90° < 6 < 180°, Fc2 is obtained from
equation 2.18.

58 Con rod bearing frictional torque

{a) 0< 0<90°

As described in 3.0 the magnitude of F¢) that is required to rotate the con rod will be
dependent on the contact angle ;. The relationship between Fc] and S derived in
. Appendix V is given by:

Foy DgFp _ Bgfp Ry Fy

F D F D, F

(2.23)

where Dsg is dependent on fg and o
and Dgis dependent on fc. fg. @ and S;.

At a given value of §; we thus have the value of F¢j from equation 2.17 that will
result from radial equilibrium of the forces and the value of Fc) from equation 2.23

that is required to overcome the frictional moment in the con rod bearing.

For the sake of clarity the force F¢) in equation 2.23 will be referred to as Fc3
because it has a different functional relationship with 8 than the value given by
Fc1 in equation 2.17. Equilibrium conditions are obtained when Fc3 = Fc3.

Denoting the force Fc) in equation 2.23 that is required to rotate the con rod by Fc3,
the angle B; at which equilibrium conditions will be achieved is that which makes
the quantity Fc3 - Fcj = 0.

This is achieved in the software by calculating F¢) and Fc3 at two arbitrary values
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of fii. These are then used to estimate the value ofp| that gives Fcs - F'ci =0 using a

straight line approximation (see diagram).

Ifthe actual value of Fg3 - Fci (point 3) is not zero then its value is used to estimate a
further value of Pi that gives Fc¢3 - Fci =0 by taking a straight line from point 2. The
procedure, which is a modification of Newtons method, is repeated until Fe3 - Fci

has approached zero within the desired limits of accuracy.

For cases when ec is less than a certain value, Pi will lie outside the maximum
available range (Pud- The possibility of this situation is tested in the software by
initially setting p1 =pm. IfFcs - Fci is positive then pi does not lie in the available

range.

The physical interpretation of this situation is that as ec is reduced the slipper
bearing pressure increases as does the bearing pressure force (Fp). At a given value of
PI this produces a lower value of Fci f°r radial equilibrium of the forces. The value
of Fcs does, in fact, increase slightly at a given value of Pi because of the effect of the

increased hydrostatic bearing force acting at the con rod bearing centre. The net

result ofthis is that Pi has to increase as ec reduces in order to obtain Fcs - Fci =0.
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When Pi does lie outside the available range, the slipper edge will be in contact with
the eccentric. The procedure for this situation is to solve the equations of (b)

Appendix Il using a similar iterative method as thatjust described.

Having determined the value of P\ that satisfies the equality of equations 2.17 and
2.23 (ie Fos - Fci =0) f°r Fci the values of the remaining variables for the cylinder

under consideration can then be calculated.

®  For 90° < 9 < 180°

As 9increases beyond 90° the con rod angle a reduces which reverses the direction of
the con rod bearing frictional moment. The slipper contact point now moves to the
other side of the cylinder centreline and Fci becomes Fg2- This force can be

determined by using the same iterative method for the angle P2 as was used forp \.

However at 0 = 90°, when the con rod changes direction, the effect of clearance

between the piston and cylinder needs to be established.

b4

As a is increasing for 9 < 90° the effect of the con rod bearing frictional moment will
be to cause the piston to tilt in the bore. Such tilting will happen if the con rod
bearing frictional moment M > FJLQ (see diagram). If M KFTLQ then the force Fp will

be sufficient to maintain the piston against the wall of the cylinder.

At 90°, when M reverses direction, if Af > Fj-I*, the con rod and the piston will

behave as a solid body. The prevailing tilt of the piston will then reduce as a
reduces. Here contact is at P\ with FO2 zero. In this situation Fi will be zero until the

piston is flat against the cylinder wall. Now if M> FJLQ, the con rod and piston will
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continue to act as a solid body, Fp becoming zero and the slipper contact moving to
Bo with Fc1 now zero.

If, following from the condition M < Frly, M < Frlg, the piston will be maintained
against the cylinder wall during the whole of the piston stroke.

These changes at 90° were included in the software as a series of IF statements. The
presence of this tilting condition and the various combinations of its action are
found to be mostly dependent on the value of fg.

5.9 Motor torque

The torque output at the motor shaft is obtained by summing the torque values for
all the cylinders that are under pressure. For a five cylinder machine the torque
output is obtained by calculating the respective torques at shaft angles of 6, 6+ 72°
and 6 + 144°. In the software each set value of 8 is incremented by 72° and the
individual torques at each angle are added to give the motor shaft torque. When the -
shaft angle for a given cylinder exceeds 180° relative to its own TDC position, the
output torque for that cylinder is set to zero. Thus referring to the diagram below
* showing con rod angle against 6, the torque from cylinder 3 becomes zero when a = 0.
Starting the motor shaft angle from zero when cylinder 1 is at TDC, 180° shaft angle
in cylinder 3 occurs at a motor shaft angle of 36°.

lo.or ICYLINDER 2

CONNELTING
L4
ROD ANGLE

S0

CYLINDER §
CYLIMDEF_L ]
lo) . b N N : R .
Tac © 20 50 40  so G - 7o
CYUNDER 1 MDTaR SHAFT ANGLE

The shaft torque is given by equation 15 Appendix I in which the values of Fc) or
Fca will be zero depending on the value of 6. Thus, for example, in the range
0 < 6 < 90°, when Fcg = 0, the non-dimensional shaft torque is:

Q] FP FCI ""FC'I" RD
R ._—F—sin(B +a)+ F—sin( 0+ a-B)-Jfc F |R., veos(6+a-f) (2.24)

Cad
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Therefore the motor torque (Qpp is given by:
n

O, = 20n

1 (2.25)
Now the ideal cylinder torque (@) is given by:

G, sin(8+ )
FR,  cosa

(2.26)

n
.. Ideal Motor Torque (Gy;) = ZQ,,, (2.27)
1

where n denotes the number of cylinders under pressure which is 3 for 0< 6 < 36°
and 2 for 36< 8 < 72°.

The mean mechanical efficiency (7,,) = Fg’-—— (2.28)
M
5x A, X2R,
. where DM4 =_T_and F = PAP .

_5

so PD, = 2FR,
Q
Al
and NMm= 5 FR. (2.29)
M

The instantaneous mechanical efficiency (1) = O (2.30)
and the mechanical losses are given by L, = 1- 7, (2.31)

A comparison of equations 2.24 with equation 2.26 indicates the way in which the
mechanical losses arise. In the ideal motor Fc1= 0 and F/Fp = cos «. For the motor
with friction F/Fp < cos a. The angle of action for Fciis such that the torque
component from this force does not make up the torque loss due to the reduction in
Fp. As Fc 1 increases so does the frictional loss, but the effect of this reduces with 6

because of the reducing radial distance from the shaft centre of the slipper contact
point.
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6. RESULTS OBTAINED FROM THE MODEL
6.1 Introduction

The motor is designed to operate under a wide range of pressure and speed conditions
which result in the frictional mechanisms varying between boundary lubrication to
hydrodynamic lubrication together with the effects of squeeze films. The frictional
mechanism in the con rod bearing probably contains aspects of all of these effects
due to the oscillatory nature of its rotation. As a consequence of this, at any given
operating condition the frictional resistance cannot be precisely obtained. As will
be shown, when operating at speeds as low as 5 to 10 rev/min hydrodynamic
lubrication would seem unlikely to exist. However the bearing shape and the effect
of local elastic distortions make it impossible to predict the exact nature of the

lubricating mechanism.

In order to gauge the effects of the three main sliding joints and assess the validity of
the model, the computational analysis was initially performed using fixed values of
the respective coefficients of friction. For the particular motor used in this work the
dimensional data is given in Table 1.

6.2 Model results for fixed values of the friction coefficients

As described in 5.9 when one piston is at its top dead centre position (TDC) three
pistons are under pressure for the first 36°. At this angle a piston reaches its
innermost bottom dead centre position (BDC) and is subsequently connected to the
low pressure (return line) connection at the motor. Thus for subsequent rotation of
the shaft to 72° only two pistons are under pressure and following on from 72° the
cycle repeats itself. Thus there are a total of nine frictional coefficients having
effect from 0° to 36° and six coefficients between 36° and 72°.

As discussed in 5.7, the hydrostatic force from the slipper bearing is sensitive to the
values of 1 and ec. For a value for ec of 127 micron, the sensitivity of the motor
losses to changes in the friction coefficients fp, fc and fg was investigated. The
results of this analysis are shown in Fig 3 at a shaft angle of 35.9° from which it can
be seen that changes in fc and fg have approximately equal effects on the losses. On
the other hand changes in fp affect the losses by around 25% of those arising from
either fc or fB.
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In order to select values of the friction coefficients for assessment with the model
values of the mechanical efficiencies obtained from the tests described in Chapter 3
are used for the purposes of comparison. The measured variation of mechanical
efficiency with 6 is shown in Fig 4 for a motor speed of 3.4 rev/min. Also shown are
the model results for values of fc and fp of 0.1 and fg of 0.13. Using the methods
described in 5.9 the mechanical losses for both the measured and model data are
shown in Fig 5. Clearly there are important differences between the measured and
model results which are probably due to variations in the levels of friction during

the rotational cycle of the motor.
However, the model loss values do agree with the measured results at a level to
suggest that the values selected for the friction coefficients provide a reasonable

basis for sensitivity or comparative analysis to be carried out.

6.2.1 The effect of the friction coefficients on motor performance

The sensitivity of the model to changes in the friction coefficients is shown in Fig 3
at 6 = 35.9°. From Fig. 3 it can be seen that there are many combinations of the
coefficient values that produce the same value of L, at this angle.

The relationship between fc and fg for the values of fp of 0.10 and 0.15 that give a
loss value of 0.114 are shown in Fig. 6. Point A corresponds to the values used for
the model results in Fig 5. The model results obtained from the values
corresponding to point B on Fig 6 are also shown on Fig 5. It can be seen that the
maximum difference in the losses obtained from the two models is 0.005 {or 0.5%).
Thus the results from B are approximately a maximum of 5% greater than those
from A.

This difference between the results from the fixed coefficient models is small in
comparison to the difference between the model and measured results. The way in
which the losses vary with # must therefore be caused by other parameter
variations. Whilst not accurately predicting the shape of the loss variation the
general accuracy of the fixed coefficient model is sufficiently encouraging to allow
its use for sensitivity analysis and an examination of the behaviour of other

parameters in the motor.
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6.2.2 The effect of ec on motor performance

As has been described in 5.7, the value of ec is likely to affect the motor
performance. The model results previously described were based on ec set at 127

micron, a value that experience shows to be not unrealistic.

Fig.5 also shows the results from the model with a value for ec of 25 micron. The
effect of this change can be seen to reduce the losses in the range 0.015 to 0.025 with a
much reduced torque step at 18°. This represents a considerable improvement on

the motor performance resulting in a 25% reduction in the losses.

However in general terms the change has not significantly altered the shape of the
loss variation. The value of ec is sensitive to the operating pressure due to

distortion of the slipper. Although this distortion will cause three dimensional

changes in the slipper face curvature, the effect of such distortion will be similar to
that obtained by changes in ec. Under given operating conditions at low speed it is
possible that changes in the contact force may also change the distortion of the
slipper. This is, however, not likely to be at the level of difference observed between
the fixed coefficient model and the measured results in Fig 5.

The predicted effect of ec on the motor performance is summarised in Fig 7(a) where
it can be seen that, over the range considered, at a shaft angle of 35.9° improvements

in the mechanical efficiency of nearly 3% can be achieved. The value of the contact
force Fc1, shown in Fig 7(b), also reduces considerably with a reduction of ec.

The variation in the contact angle f1, also shown in Fig 7(b), is seen to reach its
maximum possible value of 28° when ec is 58 micron. For lower values of ec the
slipper contact changes to the mode (b) described in 5.7. It is appropriate at this
juncture to examine how conditions in the motor affect the slipper contact angle

and the effect that this has on the motor performance.

6.2.3 Slipper contact angle

As described in 5.8 the leakage through the slipper will increase as f increases due to
the reduced flow resistance presented in the clearance space. Thus equation 2.17
shows that for equilibrium of the forces Fc) must increase with S whereas the force

required to overcome the con rod bearing friction obtained from equation 2.23
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reduces with f as a result of the increased radius of application about the con rod

centre.

The relationship between.the values of Fci1/F and Fc3/F with B from these
equations is shown in Fig 8(b) for two different values of ec. The value of 8] for
equality of the forces is seen to reduce with ec and the value of Fcj to increase. The
effect on the ratio of the hydrostatic bearing pocket pressure to supply pressure Pris
shown in Fig 8(a) which indicates the increase in this parameter that is obtained
with reduced radizal clearance ec and the reduction in Fci. As described in 5.8 the
iterative process used in the software derives the crossover points shown in Fig 8 by
using the modified Newton's method.

The value of § will also vary with the friction coefficients and in situations where
the predicted value of 8 exceeds the circumferential length of the slipper (ie when
B > Bm) further increases in the slipper flow path area are obtained by the slipper
tilting about its edge as described in 5.8. The analytical method used for this
condition is described in Appendix II part (b) which is based on the intersection of
the two circles formed by the slipper and the eccentric. |

- As discussed in 6.2.2 the variation of § with ec as shown in Fig 7 reaches its
maximum value for the given condition at ec = 58 micron. For values of ec less

than 58 micron tlie equilibrium condition for F¢j is obtained using the method just

described. Reducing ec below 58 micron has a relatively small effect on 1, and Fe,

because the angle of action of Fc3 remains unchanged at Sm.

The value of ec is therefore seen to have an important influence on the motor as a
reduction in this parameter increases the efficiency and reduces the slipper contact
force. The slipper contact force is an important parameter as it has a strong
influence on the life of the slipper face. The temperature rise in the fluid leaking
through the slipper will be increased by the friction associated with F¢j which,
together with the temperature rise associated with the pressure loss in the flow path,
could result in the dynamic viscosity being reduced in the slipper space with a

resulting reduction in the pocket pressure.
The variation in the contact angle 8 with 8 obtained from the model during the

pressure cycle of 180° is shown in Fig 9. The variation in the hydrostatic slipper

bearing pressure ratio is also shown in Fig 9 which simply reflects the changes in 8.
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The associated changes in F¢ with 6 are shown in Fig 10 which as can be seen,
generally increases when 8 increases beyond 90°. Following reversal of the con rod
at 90°, the contact force changes from F¢j to Fcg in order to reverse the direction of
the moment that it creates about the con rod bearing centre. However, the direction
of the moment created by the slipper friction remains in the same direction when 8
increases beyond 90°. Thus when 8 > 90° this moment is now additional to that
created by the con rod bearing friction which results in Fcq being greater than F¢.

At 6 = 90° the variables 8, Fc and P, show discontinuities as the slipper contact
position moves from S; to f2. However, as described in 5.8, the presence of clearance
between the piston and cylinder can create tilting of the piston in this clearance
space during reversal of the con rod at 8 = 90°. The effect of this on B2, Fc and Pris
shown in Figs 9 and 10 for a diametral piston clearance of 75 micron. The
conditions which cause tilting of the piston depend to a large extent on the level of
friction in the con rod bearing. This will be discussed in the next section.

6.2.4 Piston forces

As described in 5.5, the piston forces derived in Appendix IV are generally affected
by the level of friction in the con rod bearing and the position of the inner edge of the
piston in relation to the cylinder.

For the values of the friction coefficients used in the model the alignment of the
piston in the cylinder varies throughout the pressure cycle. As described in 5.8(b)
the piston can be maintained against the cylinder wall if the normal force at the con

rod bearing centre F > M This condition was found to occur for shaft angles

greater than 60°.

However when 6 = 90° for the piston to be maintained against the cylinder M must be
< Frlg . For the given conditions, M >FrLg and as a consequence the con rod and

the piston rotate together until the outer edge of the piston contacts the cylinder.
During this period Fp = 0. After this point is reached, there is rotation of the con rod
bearing under the action of Fco which is resisted by the piston forces F) and Fp. For
'a diametral clearance of 75 micron the angular tilt of the piston is 0.12°. At 90°
shaft angle, the shaft has to rotate a further 8° before the‘con rod has rotated
sufficiently to take up the piston diametral clearance.
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During rotation of the piston the equations for F¢] and Fcg developed in appendices
IV and V do not apply. The equations for this action are discussed in 6.2.5.

The piston forces obtained from the model for shaft angles either side of the piston
clearance region can be seen in Fig 11. The sign convention used here is that forces
acting from right to left (see diagrams in 5.8(b)) are taken as positive. Thus as the
piston is forced against the cylinder at 8 = 60°, the force F] changes from negative to

positive.

At 629 shaft angle the piston starts to emerge from the cylinder when X > L, - L, as
it moves inwards. This does not have an immediate effect as Fg is providing the

resistance to the friction moment in the con rod bearing.

Following the completion of the piston rotation in its clearance with the cylinder,

F1 and F3 both increase to react against the con rod friction moment which has

reversed direction and Fp has changed sign which reflects this reversal. As the

length Lg is reducing, the consequent reduction in the piston moment arm causes

both F] and Fp to increase particularly after Lg becomes negative at § = 122°. It can

be seen from Fig 11 that the values of Fj/Fand Fy/Freach a maximum of 0.34 and
- 0.25 and at the end of the stroke these are 0.26 and 0.24 respectively.

The model assumes that the friction coefficient fp has the same value at both points
of application of F] and Fy. The net friction associated with the piston is therefore
dependent on the sum of the magnitudes of F; and F». Thus, for a value of 0.1 for fp,

and a maximum value of T1* 2 of 0.56, this represents a loss of the available
F

piston force of 5.6%.

" The normal force Fr at the con rod bearing centre increases at 8 = 90° as a result of
the shift in the slipper contact force from Fc] and Fcg. This causes Fj to increase

in the manner shown in Fig 11.

The effect of piston friction is to reduce the force in the con rod. The effect of the
increase in the piston forces on the con rod force when 8 > 90° can be seen in Fig 12.
This reduction is also reflected in that of Fc2 in Fig 10.
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6.2.5 Equations for the Piston rotation region

cz

For the situation shown in the diagram during rotation of the piston in its clearance

space we have:

o= Fr+  FSin( 02 +#) - Sccos(02+ <)) =
and Fec2("o ~ fenr')=FiFs (2.33)
putting LQ - JcLr = A5 (as in Appendix V)
Now Fr =J3Fc2+ Fpsin a from equation 12 Appendix I, because Fci= 0 (2.34)

Thus substitution of | into equation 2.33 gives:

LFp sin a
FC2=
AS5- J3+SHI(02+ «)-/¢c COS(02+ (2.35)

For equilibrium of the radial forces along the cylinder axis we have:
F=f«+/pf, (2.36)
Substituting for F| and F from equation 9 appendix I into equation 2.36 gives:
F = Fpos at J2FCc2 +Jp (JSFCr sin a

F - Fp(cos a +fpsin a)
FC = (2.37)
J2 + fI3+S1"(02+ °0 - ScCoS(02+ «))
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Now denoting Fco in equation 2.35 by F4 the value of g at which Fcyg - Fog =0 can
be established by using the modified Newton's method as described in 5.8.

To illustrate the process that arises during rotation of the piston, the way in which-
Fcq and Fgg vary with f§ from equations 2.35 and 2.37 is shown in Fig 13. Also
shown are the relationships for Fcj and Fc3 immediately prior to 8 = 90°.

Referring to Fig 13, F¢1 changes from point 1 to Fco at point 2. As the shaft rotates
the piston rotates to point 3 when nearly all the piston diametral clearance has been
taken up. Because the length Lg is reducing Fcg reduces between 2 and 3. At point 4,
Fc2 has increased to provide the necessary torque on the con rod to rotate the con
rod bearing. The changes in F¢9, 8, and P, that arise in the piston clearance region
are shown in Figs 9 and 10.

In Fig 11 the piston force Fj is zero during this movement of the piston in its
clearance space. F} remains relatively constant in this region because the change in

Feo is small

The effect of the piston rotation on the motor mechanical losses is shown in Fig 5
“where it is seen'to cause a reduction of around 0.011 (1.1%) at a shaft angle of 26°
when the piston has ceased to rotate. The reduction in the losses between 18 and 26°

generally coincides with that of the measured results.

7.0 THE VARIATION OF THE MOTOR MECHANICAL LOSSES WITH SHAFT
ANGLE

7.1 Introduction

The mechanical losses resulting from the piston and slipper friction forces are
directly affected by the level of friction in the con rod bearing. The hydrostatic
pressure in the slipper bearing varies as a result of changes in . This provides a
level of contact force such that equilibrium of the forces occurs whilst overcoming
the frictional moment in the con rod bearing. As was shown in section 4.0 changes

in B incur negligible movement of both the eccentric and the con rod.
The way in which the equilibrium value of § arises can be examined by considering

what happens if 8 is, say, less than the equilibrium value. Fc) will be less than the
value required for rotation of the con rod (Fc3 in Fig 8). Providing there is sufficient
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torque at the motor shaft to allow rotation, the eccentric will rotate a fractional
amount without causing rotation of the con rod but allowing it to move inwards a
fractional amount. When the eccentric has rotated such that fhas increased to the
‘ .-equilibrium value, the con rod will be rotated under the action of F¢j (or Fc2 ).

During starting, this process can occur as the shaft and transmission system twist
prior to rotation of the load. The influence of transmission stiffness and pressure
rise rate on start torque has been examined by various research workers as is
discussed in Chapter 3. When the motor is stationary and unpressurised the piston
and con rod can be positioned anywhere in the respective clearance bands and the
disposition will vary between cylinders. Thus the prevailing value of f will likewise
vary prior to start up.

During very slow rotation stick-slip occurs between the sliding components. This
can be contributed to by the occurrence of small rotational movements of the
eccentric without rotation of the con rod. When the radial clearance ec is less than
50 micron, the slipper tilts slightly about an edge to generate a sufficient leakage
path in order to provide the requisite value of Pp. The value of ec will have a direct
effect on the contact conditions between the slipper and the eccentric. As ec is
- reduced -the contact force will be distributed over a greater length thus reducing the"
peak stress. It is likely that this situation will be more favourable for lubrication of

the contact area which should reduce the onset of the stick-slip process.

For the model conditions Fig 8 shows that Bvaries between 13° and 17° for one
piston work cycle. An examination of slipper faces often shows witness marks at
angles of this order. In instances where low mechanical efficiency occurs these
marks are often more pronounced at smaller angles from the slipper face centre.
Conversely in special tests with con rods having increased thickness of the slipper
lands (reported in Chapter 3), no witness marks were present and the mechanical
efficiency was high. The improved performance in this case was a result of reduced
distortion of the slipper face particularly at the outer four corners and possibly also
because the face was manufactured to produce a smaller clearance with the

eccentric.

Measurement of slipper curvature, within the levels of tolerance required was
found to be virtually impossible because the variations around the arc length with
the distance from the centre are less than the accuracy of metrology equipment. For

example, the variation in radius over the arc length of 28°, measured from a point
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25 micron displaced from the true centre, would be 3 micron. This dimension is of
the same order as the limits of roundness. Thus the limit of accuracy for

measurement of the radius would be in the region of 100 micron.

72 The variation of mechanical losses during the pressure cycle for one
cylinder

The way in which the mechanical losses vary with shaft angle reflects all the
changes that have been described. Fig 14 shows the ideal and actual torques divided

by FRe and the mechanical losses, being the difference between these two values, are

AQ

showninFig 15 as F—Re

. The mean mechanical efficiency nm from equation 2.29 in

5.9 reflects the changes in the instantaneous displacement of the motor. Thus, for
the ideal motor, n;, varies with 6, as shown in Fig 4, with a mean value of unity.

Fig 15 also shows the individual cylinder mechanical losses as a fraction of the

A
ideal torque A9 from the cylinder at the given angle and it can be seen that the
I

fractional loss tends to infinity as @y tends to zero at low and high shaft angles.

From Appendix I the generalised torque equation gives:

Q Fp Fo, JcFc,[Rp
R F sin(6 + o) + 7 sin(6 + a - p) F R, +cos(6+ a-P)
F f.F. (R
c2 ctca| ®p
t 7 sin(6+ a+ B)- 7 (Re+cos(9+ a+ﬂ)]
F.,=0for 6 > 90°
F.,=0for 6 < 90°
F P_A A
P s s
— =P — =
F - pa, kxS

Ideal torque given by 9 - sin(6 + a)
FR cos o

e

The difference between the ideal and actual torque is dependent on the relative
values of Fpand Fc, the angle § and the value of the friction coefficient fc. As has
been shown the magnitudes of F¢ and j are very dependent on the slipper clearance

ec . However they are also dependerit to a lesser degree on the magnitude of fc which

(2.38)



affects the vector sum of Fp and F¢ and, hence, the equilibrium of the forces parallel

to the cylinder axis.

The mechanical loss @, — @ will therefore depend on the magnitude of Fp and Fc,
the angle of action § of Fc and the frictional loss associated with the contact force
Fc. These losses are shown separately in Fig 15 as AQg and AQr where AQg will be

referred to as a geometric loss component.

At 8= 0 and 180° when @y = O the losses obtained from equation 2.38 are:

QI_Q Fc1 Fm RD ’
6=0 FR. ~ F sin/31+fCTﬁ+cosﬂ1
and a=0.
QI'Q Fcz Fcz RD
=1 ° = —_— e —
6 =180 FR. 7 sin g, + f. F R, cos j3,
and =0

For these two shaft positions it is seen from Figs 9 and 10 that F¢g and f2 are both
greater than F¢i1 and 83 which results in the geometric torque loss being greater at
'180°. However the reduction in the slipper friction loss between these two positions
is such that the overall loss at 1809 is slightly less than that at 8= 0. Piston friction
acts to reduce the load on the con rod and as the torque is negative at these two

positions increased piston friction causes the losses to be reduced.

At 6 = 90° the reversal of the con rod and the bearing frictional moment generally
result in increased losses because of the increased piston forces, the increase in 8

and the reduction in the slipper bearing pressure, as discussed in 6.2.6.

During the period of reverse tilting of the piston, Fcg reduces because of the reduced
moment on the piston arising from the reducing piston length Lg. This results in the
geometric torque loss component remaining approkimately constant with a
reduction in the friction loss. Once the piston has become fully tilted at-8 = 98° the
effect of the con rod bearing frictional moment and the increasing piston forces
cause an increase in both loss components. The geometric loss component continues
to rise because of the effect of increasing piston friction which affects the slipper
bearing by reducing both PR (and as a consequence Fp) and Fcg. The reduction in
Fca and the reducing radius of action of fcFco about the shaft centre causes the
frictional loss to gradually reduce until 180°.
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73 Motor mechanical losses

The motor mechanical losses, Ly, are the cumulative losses ZAQ , divided by the
total ideal motor torque Qpq. The variation of AQ with 8, shown in Fig 15, can be
used to obtain the value of ZAQ at any given shaft angle by summing values at 72°
intervals (eg at TDC from 0°, 72° and 144°). The total ideal motor torque, Qmr.
obtained from equations 2.26 and 2.27, varies with shaft angle in the way shown in
Fig.4.

For the particular motor, the maximum torque from one cylinder occurs at 80°
(Fig.14) (when the other cylinders are at 8° and 152° respectively). In the region 0° to

189 the variation of

produces the gradual reduction in the motor mechanical

QMI

losses shown in Fig.5.

At 6 = 18° there is a small increase in loss due to increased piston and slipper losses
following reversal of the con rod. However the piston clearance effect limits the loss
at this position because there is no rotation in the con rod bearing. As 8increases

from 18° the length Lg is reducing and there is a consequent reduction in the losses

because of the reduced moment on the piston about the con rod centre.

From 26° to 36°, the cumulative losses reduce but, because this reduction is Slightly
less than the reduction in Qp, the motor mechanical losses increase slightly in this
region. At 366, ‘the motor mechanical loss (corresponding to 36°, 108°, and 180°)
reduces due to the depressuriation of the cylinder at 180°. Subsequently, for shaft
angles in the region 36° to 72° when only two cylinders are pressurised, despite the
variations of AQ for these cylinders, the value of L, remains almost constant.

As a summary, it is seen that the cyclic variations of the cylinder and motor losses
are of a totally different nature. Despite this difference, changes in the values of
parameters, such as e and the friction coefficients, have little effect on the shape of

the motor loss variation (Fig.5.)
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8.0 THE EFFECT OF CHANGES IN THE FRICTION COEFFICIENTS
8.1 Introduction

As discussed in 6.2, the sensitivity of the motor performance to changes in the
friction coefficients was obtained from the model. This analysis produced the
relationship in fig.6 between the friction coefficients for a given level of mechanical
losses at 8 = 35.9°. The two different sets of values for the coefficients from Fig.6
showed a similar variation in the losses with shaft angle (Fig.4).

The coefficient values of 0.1, 0.1 and 0.13 for f¢, fp and fB used in the model were
selected so as to match the measured results at 8 = 18° and 36°. As can be seen from
Fig 5 the divergence between the theoretical and measured results is at a maximum
at shaft angles of 0, 36 and 60°. This probably results from variations in the
coefficients during the pressure cycle.

At this point it is useful to determine how different combinations of the friction
coefficients taken from Fig 6 affect the variation of the motor parameters with shaft
angle and, in particular, the effect on the way in which the losses are distributed in
‘the motor. -

8.2 Motor losses

Results from the model are shown in Fig 16 for extreme values for fc, and fg where
it is seen that reducing fg and increasing fc, increases the magnitude of the positive
torque step at 18° shaft angle. Conversely, reducing fc, and increasing fg reduces
the magnitude of the torque step which for fg > 0.147, becomes negative. For
/B 20.147 it is seen from Fig 16 that shaft angle movements in the piston clearance
region are extended from 8° to 12° following 8= 18°. It is also seen that there is an
increase in losses at around 26° shaft angle followed by a reduction before finally
increasing when rotation of the con rod begins at around 31°. This change has
resulted from the increased level of con rod bearing friction which causes the piston
to be inclined in its clearance space with the cylinder throughout the piston stroke.

Thus, at 18° shaft angle, for the cylinder at 90°, M>FrLy and the piston remains
inclined in the cylinder clearance space. When the con rod angle a has reduced
sufficiently to bring the piston against the cylinder wall it will tilt about its lower
edge when M>Frls.
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The trends obtained from the model for the higher values of fg give improved
agreement with the measured results for shaft angles in the region of 15° to 30°. A
reduction in the diametral clearance from 75 to 50 micron provides a further

improvement to this comparison.
9.0 CONCLUDING REMARKS

This chapter has been concerned with an evaluation of the mathematical model in
which constant values of the three friction coefficients have been used. In general
terms the model provides a reasonable estimate of the mechanical losses in the
motor as compared to measured results at 3.2 rev/min. However, approximately the
same results can be obtained from the model with different combinations of the
coefficients although some combinations seem to provide more realistic results

than others in particular ranges of the shaft rotational cycle.

It is clear from the analysis presented in this chapter that because of the motor
geometry, the frictional coefficients will not be constant but will vary individually
for a number of reasons. The simulation results shown in Fig 5 demonstrate that the

- deviation from the measured results can be associated with events in the cycle where
changing conditions in the sliding faces will produce significant changes in their
frictional characteristics.

The nature of the frictional mechanisms needs to be examined in order to gain an
understanding of these frictional losses and how they are to be expressed
mathematically. As the speed of the motor is increased the sliding faces will
experience improved lubrication. For the con rod bearing this is particularly
important because hydrodynamic lubrication will cause a reduction in the
frictional losses when compared to those under conditions of boundary lubrication.
This will have a significant effect on the forces imposed on the piston and slipper,

and hence, on the motor performance.
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TABLE 1

Eccentric Radius Rp ‘ =79.4 mm
Distance between Eccentric and Shaft Centres Rg - =27.4mm
Piston Diameter Dp =79.4 mm
Hydrostatic Slipper Feed Restrictor Length Lp =12.7 mm
Restrictor Diameter d, =0.533 mm
Piston Area Ap =4948 mm?2
Projected Mean Effective Slipper Area As =5352 mm?2
' Mean Width 6f Slilﬁpér (straight sidé) LW S =663 mm
Length of Slipper Lancs w : =8.31 mm

Maximum subtended Angle between the Con Rod Centre
and the Slipper Edge B, =280

Length between Con Rod Centre and outer edge
of Piston L, =27.94 mm

Length between Con Rod Centre and inner edge
of Piston L; . =26.7 mm

Length between Con Rod Centre and inner edge

of cylinder at TDC (6=0) L, =43.2 mm
Con Rod Bearing Radius Rg =29.2 mm
Con Rod to Eccentric Centre distance L =142.9 mm
Con Rod Centre to Slipper Face Length Lg = 63.5 mum
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Fig 1 Cross sectional views of the hydraulic motor
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Appendix ¢
Equations for the slipper an ntric for nd motor torqu

Resolving the forces parallel and perpendicular to the connecting rod axis as shown
in Fig 1 produces:

F,=F, + F, cos B - f.F, sinB + f.F,sin f, + F ,cos 3, (1)
and Fp = F, sinf + f F. cos B + f F,,cos B, - F,,sinf, (2)
Rearranging equations (1) and (2) as follows:

F = F, + F,(cos B, - f; sin B,) + F ,(cos B, + f sin )

or F = FP+AFCI+BFC2 (3)
where A =cosf, - f,sinp, (4)
B =cos B, + f. sin §, (5)

and  Fp = F,(f; cos B, +sin B)) + F ,(f; cos B, - sin ;)

or  F, = CF,,+ DF, (6)
where C = f_cos f, +sin (7)
D =f,cos f, -sinf, , 8)

Finally resolving the forces Fr and FRr parallel and perpéndicular to the cylinder
axis:

Fy=F cosa+ Fosina
=F,cosa+ F_,(Acos o + C sina)+ F,(B cos @ + D sin a)
=FPcosa+ KFC1+ JQFC2 ()
where K =Acosa + C sina (10)
and J,=Bcosa+ Dsina (11)

also FT = F,_ sin o —‘FR cos a

=F,sina+ F,,(Asina - C cos @)+ F, (B sina ~ D cos @)

= FP sin ¢ + JFCl + J:,,FC2 (12)
where J = Asina - C cos « (13)
and J;=Bsina- D cosa (14)

The forces acting on the eccentric in relation to the shaft centre which are shown in
Fig.2 produce torque from the motor shaft as the following:
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Torque ©, = F,R.sin(6 + a) + Fo\Resin(6 + o~ B) + F ,R.sin(8 + a + B,)
~JeFo {Rp + R.cos(6 + a-B)} - f,F  {R, + R,cos(6+ a + B,) 115)
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Appendix II
The effect of the §/Iippgr contact angle S on the slipper bearing force Fp.

The pressure generated in the hydrostatic slipper is derived from the. motor inlet
pressure from which flow is supplied to the bearing through a restrictor. This flow then
passes to low pressure in the motor casing through the clearance between the slipper
face and the surface of the eccentric.

The net leakage area in the clearance space will depend upon the shape of the slipper
face in relation to the surface of the eccentric and the angular disposition of the
connecting rod centre in relation to the line between the eccentric and connecting rod
bearing centres.

Fig.3 depicts this situation for a slipper face that is circular and whose radius is greater
than that of the eccentric. Contact between the slipper and the eccentric occurs at the
angle  which can be between zero and B, .

Leakage flow through the slipper clearance
(a) Tangential contact between the slipper and eccentric faces

For small clearances and low values of Reynolds Number the fluid flow (Qs) across the
slipper side lands will be given by:

0. - J.lhaPPdl

where dl = R;dB., h = f(p)and the integration ranges will be between f + fnand
Bm — B, and zero on either side of the contact angle ;.

Referring to Fig.3 the clearance h is given by:
Ry =(Rp + h)2 + €% - 2(R, + h)e, cos(180 - B)
For ec and h small in relation to Rp and Rg this can be reduced to:
= (R2 +2R h)+ 2R e, cos
D D p€c

2
R, -R _ 2R e, cos 8
2R 2R,

_ (Rs * Rp)(Rs = Rp) = 2Rye cos B

2R,

_ 2R e, - 2R e cos f

2R,

Thus the leakage flow of Equation (16) will be given by:-

P R
J' (1 -cos B) cI,B

Q. =
S 12 X (18)
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" p 3 p
Consider I = f (1-cosB) dB = I (1-3cos B + 3cos? B — cos® B)dB
0 0

where cos® BdB = cos B(1 - sin? B)dB = cos BdB - sin? Bd (sin )

P 3
j cosaﬁdﬂ=51n/3‘sngﬁ
B
J' cos2ﬁdﬂ=[—;-sinﬁcosﬂ:I+§
. _5p _ 3 _s__i_rf’__ﬂ
I =2p-4sinB+ Ssinfcosf + 3 (19) .

The values of I for the two integration ranges on the left and right hand sides of the
contact line are denoted by:

Io =1 for (Bm + B)
and I =1 for (Bm - B)

The clearances at each end of the slipper face are given by:
hg = e.(1-cos(B, + Bm))

and h, = e/l-cos(fm- B))

The total slipper leakage will therefore be given by

' Ppe:g La) 3 3
Q. = 12 pw 2R, (Ig + 1) + g(hk * hL) 20)

(b) Non-tangential Contact

Non-tangential contact will occur if the clearance has to be increased further when j;
has increased to f,. This situation is shown in Fig.4 where the eccentricity e is greater
than the difference between the slipper face and eccentric radii.

~Fore = e. + €

2 2
Ry - Ry - 2R ecos f

2R,

2R e, - 2R e cos

2R,

~h=-e,- (e, +e)cosp
el
= ec(l - (1 + a}os ﬁ]
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e
and putting a= 1+ -

€c
gives h=e.(1- acospB) : 21)
hence h°= eca(l -3acos B +3a2cos? B - a3cos® B) (22)

Referring to Fig.4 fBs is the angle at which h = O corresponding to the contact point and
this is obtained from equation (21) as:

Bs = cos™!(1/a) ' 23)
Thus the side leakage will be given by:

3
PpeC T

9s = 12 p0

28

where [ = fﬁ m(l—Sacosﬁ +3a?cos? B - o®cos3)dB
S

and I =(28,-Bs)(1+20?) - a(sin2 B, -sinf;)(3 + a?)

3
+2a*(sin2 B, cos2 B, - sin B cos fg ) - %( sin® B¢ -sin®2 B,) (24)

The total leakage flow will be given by:

Ppeg 3
Q, = m{zRDI + L, {1-acos(2f,+ Bs)} } 25)
(c) Thecaseof Rs < Rp
From Fig. 5 the clearance 'h' from A0,BO. is given by
2 _ 2,
Ry=(R,+h) +e -2(R, +h)ecos i 26)
where A=b + B,- 8
Neglecting small terms gives:-
R2=R>+2 2R A
s = Ry + 2hR, - 2R e cos
R+ R_Y(R,- R
.'.h=—( D 5)(Rp S)+ecos,l
2R,
andfor Ry= R, h=ecosdl-eg (27)
where here €z = Rp — Rg =~ €c a5 used for case (a) and (b)

Similarly for AO,AO. and h =0
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€r

coS Bm (28)

€1=

Also from Fig.5 for triangle O AO,(for h = 0) we have:-

2_ 52 2
Ry = R; + e - 2R e, cos p,

~.ep =2R,COS Py (29)
and for €, < < Ry, P, =90° (30)
Also for ¢, << Rj, ¥ =pm—PBnm (31)
S~ Y =90-8n (32)

Now for A0,0.0O. we have:-
esinb = e, siny = e, sin(90 - )

~.esinb = e, cos B, (33)

Also e +ej,cosy=ecosb

~.e +epsinf, =ecosb (34)

Now cosA=cos(b + fBn-f)
=cos f(cos b cos B, - sin b sin f,) +sin f(sin b cos i + cos b sin fm) (35

substituting Equation (33) for sin b and Equation (34) for cos b into
Equation (35) we have:

& ©p €p
ecos A= ecos f{| 5+ 5sin B, pos B, - 5cos B, sin f,
e e e
+esinp (—eg- cos? B, + (?1 + 2sin ﬁm)sin ﬁm)
= e, cos B cos B, +sin (e, + e ;sin )
And substituting for e from Equation (28) gives:-

h=ecosi- e,=ey(cos B - 1+sinB(tan fn+ a)) (36)
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(1]

where a=-2
€r
For g =
when f=0
h=0

andwhen fB=2p8,

sin .
h= eR(COSZ ﬂm+sin2ﬁcosz - 1]

Now: c0s2 Bm =cos? B, - sin? 8,
sin2 f,, = 2sin B, cos B
~h=0

Far a>1

when S8=0
h=0

and when = 28m

h = e,(cos2 B +sin2 pn(tan B, + a) - 1)

=2e, asin i, cos fm

28,

The leakage flow will be dependent on the term RD,[ hsd,B where h is given by
0

Equation (36). Writing this as:

h=ey(x +ay + b)

where
x =cos
y =sinf
a=tanf, + a
b=-1

h3 will therefore be given by:-
eg(x3 +2ax?y + 3bx? + 3a2y?x +6abyx +2b%x + ady3 + 3a%by? + 3ab’y + b°) (37)
The leakage is obtained from integrating this equation for ‘h3’ as a function of .

Integration

28 sin® B
I cos® xdx =sin 8, - —3—'"
0
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28 oa
2af cos? x sin xdx =- ?(cos"Z Bm —1)
0

28
3bj cos? xdx =- %sin2 Bmcos2Bm = 3Bm
(o]

28
3a2_[ sin? x cos xdx = a?sin32 8,
)

28,

6abj sin x cos xdx =-3asin?2f,,
[0}

28,
2b2f cos xdx =2sin2 8,
0

2hn cos®2p 2
as_[o sinsxdx=_a3(Tm—c052ﬁm+§
28, sin2
3a’b J sin? xdx = - 3a2( Bm - —I-ﬂ—'-"-
(o]

28
3ab2_[ sin xdx = 3a(cos2 B, — 1)
0
28,
b’ dx=-28,
0

28

Denoting the integral f (x+ay +b )adﬂ as the above terms by I, the total leakage
0

flow will be:

—P"eRa(zR I +8L,( )3)
Q.= A + 8L, (asin B, cos

(38)
(d) The hvdr tic bearing pressur

The value of the bearing pressure (Pp) is determined by a restrictor that is placed in the
bearing supply drilling in the connecting rod. The size of the restrictor (do) in relation
to the magnitude of the leakage flow (Qr) is such that the flow through the restrictor will
be laminar.

Consequently the relationship between the restrictor pressure drop and the leakage
flow will be given by:

_dy(P - P,)
L™ 128uL, (39)

where Q is given by equations (20), (25) or (38) depending upon the conditions between
the slipper and the eccentric surfaces.
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flg)pr,éed

Denoting these equations by @, = 250

where flg) is a function of either § or ¢ depending upon whether the contact mode is that
of the type in case (a) or cases (b) and {(c) above. Equation (39) then gives:

ndy(P - P,) P,eif(g)

128uL, —  12uw
128e3L )
Thus C+'f4(g=xsf(g)=f’__1
12r0d Pp
P
P _ 1
T P TIYE @) (10)

Here it is assumed that the dynamic viscosity (1) has the same value in the restrictor
and in the leakage space between the slipper and eccentric.

(d) The hydrostatic bearing force

For the rectangular type of slipper used in the motor, if the clearance space between the
slipper and the eccentric is assumed to be parallel and equal everywhere, the pressure
varies proportionally with distance across the slipper lands.

Thus taking the mean projected area of the slipper as Ag the pressure force(Fp) on the
slipper acting in the direction along the connecting rod centre line will be given by:

Fp=P,Aq

Taking a force balance ratio Kj based on the piston force F which is given by PAp, where
Ap is the piston area one obtains:

F,=KF = KPA,

Thus K Pras (41)
us =
1

PA,

Hence using the value of Pp/P from equation (40) the value of Fpand Kj can be obtained
for different values of the contact angle S.
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Appendix III

T in h nnecting ri rin

In the particular hydraulic motor under investigation the connecting rod bearing is
spherical but in this analysis it is taken as cylindrical. The effect of sphericity will be
to modify the frictional forces which will be discussed elsewhere. Here the coefficient of
friction is taken as a mean value acting at the full radius of the bearing as shown in
Fig.6. The forces Fyy and Fr acting at the bearing centre are parallel and perpendicular
to the cylinder axis as derived in Appendix .

(a) For 0< 6 <90° when the connecting rod angle « is increasing.

Resolving Horizontally
Resolving the forces horizontally one obtains:-

(Fg,~ Fgp)sin @, - fycos 6 (Fg,+ Fg,)=-F;
LR - Fp,(sin 6, +f cos 6,) - F;
B1 (sin 6 ~ fzcos 6;) (42)

Resolving Vertically

(F + Fpo)cos 6, + fpsin 6, (Fg,—- Fg,)=F,
Here Fyyis given by Fiy - Fy
where Fy = Hydrostatic Force = 7(Rg sin Bc)zP

Fg,(cos 6, + fgsin 6. )= F,, + Fg ,(fgsin 8, —cos §;)
Substituting for Fg; from equation (42) gives:
(Fgo(sin 6 + fgcos 6.) — Fr)(cos 6, + fg sin 8..)
=(Fy + Fg,o(fg sin 6, — cos 6, )(sin 6, — f5 cos 6,.))

F, (sin 6, - fgcos 6c) + Fr(cos 6, + fg sin 6;)

~Fp, =
52 2(1 +f;)sin 6, cos 8, (43)
Substituting Fgo into equation (42) gives
2 2
r - Fu (sin? 6, - f3cos? 6,) + Fo(f, —cos 6,sin 6,(1+ f2))
Bl 2(1 +f;)sln 6 cos 8, (sin 6, - f; cos 6..) (44)

The coefficients in Equations 43 and 44 are replaced by the following:
B, =sin §, - f cos 6,
B, =cos 6, + fg sin 6,

= 2(1 +fB)sin 6, cos 6,

2
By =sin? , - fcos? 6,
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Bg = fz —cos 6, sin Bc(l +f;)

B, = (B,B,)
R Fo. = (BB, + BsB,)Fy + (ByB; + BB )Fy
WFp + Fgy= BB,
= BgF), + BgFy. (45)
B B, + BB
2071 BBy
where B, = —————
8 BB,
= L4
and BB,

(b) For 90° < 6 <180° when the connecting rod angle a is decreasing as shown in Fig.6.
Resolving horizontally
(Fgo— Fpy)sin 6 - fg cos 6 (Fg, + Fgy) = Fy

_ Fp,(sin 6, - fgcos .) - F,
B1 (sin 6, + fgzcos 6;) ’ (46)

s F

Resolving vertically
(Fg,+ Fpy)cos 6 + fp sin 6, (Fg,— Fy )= Fy
~Fg,(cos 6, - fysinf )= F, - Fg,(cos 6,f,sin 6.)
Substituting for Fg; from Equation (46) gives:

(Fpo(sin 6, - fycos 8.) - F)(cos 6, - fgysin ;) =

(Fy — Fgo(cos 6. + fgsin 8.))(sin 6, + fcos ..)
F.(cos8.,- f,sin8 )+ F, (sin@,+ f_cos 8
Thus F,,= r( e~ S8 c) u ( 2c S5 c) (47)
2sin 6 cos 9c(1+f3)
2 . 2
and  F, - F,, (sin2 6, — fy cos? Bc) - F, (fa + cos fsin Oc(l+f3)) 48)

2sin g, cos §,(sin f,fy + cos Bc)(l +f;)

The coefficients in Equations (34) and (35) are replaced by the following;:-
E, =sin 6. + fg cos 6,
E; =cos 6, - fg sin 6,
E,= 2(1 +f;)sin 6. cos 6,

2
E; =sin® 6, - f cos 6,
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2
E; = fz + cos 6.sin 9,;(1 +fB)
E, = 2(1 +f:)sin 6.cos 6.E,

(E2E7+ E5E4)FM + (E3E4 + E6E4)FT

wFg,+ Fgy=

EE,
=EgFy + EgFy (49)

EE_+ E_E

27 574

where Es—-—E4§;———

EsE - EE

d E =377 674
an 9 E,E,
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Appendix IV

T ing on the piston
The piston transfers the pressure force to the connecting rod and also has to resist the
frictional torque from the connecting rod bearing. As shown in Fig.7, the resultant side

forces between the piston and cylinder are assumed to act at the top and bottom of the
piston and the sum of these forces produce friction between the piston and the cylinder.

(a) Eor the case of 0< 6 <90°
Bearing friction torque

F\L + FyL, = fgRg(Fg, + Fg,) (50)
Horizontal forces

F,- F,= F,

Combining these two equations and substituting for (Fg, + Fg,)from Equation (45)
yields:

Fy(Ly+ L) + FrLy= fgRy(Fg, + Fg,) = fgRy(BgFy + Byfr)

=fBRBBsFM + F (fBRBBQ_ Lz)
V(L +Ly) T oL+ L)

(51)
. F,=DF, +D,F, (52)
and F, = F, + F, (53)
R_B
where D1 = M
(Ll + L2)
R.B.- L
and D2 = ‘LB_BM
(L + Ly)

Vertical Forces
F=F, +fp(Fl+ F,)
=Fy + fp(2F, + F;) =F, + f,(2D|F,, + (2D, + 1)F})
Now F, =F, - F,where Fy = Hydrostatic force on the piston.
“F = Fy(1+2D,f,) + Fo.fp(2D, +1) - 2D,f, F,,

Expressions for Fjy and Frhave been derived in Appendix I, Equations (9) and (12). For
this analysis Fc2 is taken as zero for 0< 8 < 90° and Fc as zero for 90° < 6 <180°.

Thus substituting equations (9) and (12) into the above equation for F gives:
F = (Fpcos a+ KF.,)(1+ 2D}fp) + (Fpsina + JF, l)f}, (2D, + 1) - 2D.f, Fy

This, after rearrangement, results in:
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F F - Fp(cos a(1+2D,f,)+sinaf, (2D, + 1)) + 2D fp Fy,
c1- K (1+2D,f,) + Jfp(2D, + 1)

F -F,D +2leF
s pi'y
or Fo.= D (54)
a

where D, =cos a(1+ 2D)fp) +sin af, (2D, + 1)

and D,=K(1+2Df,)+ Jfp(2D,+ 1)
As the piston moves down the cylinder from the top dead centre position it eventually
emerges from the cylinder so that the position of the force Fj is at a distance less than

L; from the bearing centre. Referring to this distance as Lg equation (50) for the
bearing friction torque becomes:

FiLg + F2L2=fBRB(FBl+ Fsz)

=fBRBBSFM + Fr(fgRgBy - L,)

and now (Ly + Lg)
Fl = DIFM + D2FT ) (55)
R_B
where: Dl = fB—B—B—
(Lo + L)

R_B,- L
and D2=f——-——-3 B o 2

(L, + Lg)

This condition will occur when X >Lg-LjandLg=Lg-X

(b) For the case of 90o <6< 180o

At 90%haft angle the bearing friction torque changes direction (see Fig.8.) and so the
horizontal forces give:

Fi-F,=F,
Bearing Friction Torque

F1L8+F2L2=fBRB(FBI+FB2) (56)

Substituting for F; from the above and (Fg, + Fg,) from Equation (49) into Equation
(56) produces:

_ FMESfBRB FT(fBRBEQ- Ls)

F_ =
2T L) T (Gt L)
= GIFM + GZFT . (57)
fBRBES
where: Gl = (LTLZ)-
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L
and > = '.fﬁEg——I‘_q
(Lg+ Ly)
For the case when Ig<OasinFig8put L,=X - L,
FoL, - F\Lg= fgRp(Fg,+ Fg,)
Substituting, as before, for Fj and (Fg,+ Fg,) gives

_fBRBEBFM + (fBRBEQ + LB)FT

Fa= (Lz - LB) (Lz - Ls)

o F2 = GIFM + G2FT (58)
R_E
where G, = JoRaFs
(Lz - Ls)
- fBRB EQ + L8
2 (L L)

Vertical Forces

F=Fy+fp(F +Fy)=Fy+fp(2F, + F)
=Fy + fp(2G/F, +2G,F, + F})
Now F, =F, - F, asbefore
and . F = Fy(1+2Gf,)+ Fpfp(1+2G,) - 2G,f, F,, (59)

Assuming for this case F,,=0, F, and F, are obtained from Equations (9) and (12)
which substituting into Equation (59) produces:

F = (Fpcos a+ J,F ) (1+2Gf,)+ (Fpsina + JF.,)(1+ 2Gz)fp -2Gf, F
After rearrangement this results in:-

_ F - Fy(cos a(1+2Gf,) +sinaf, (1+2G,)) + 2Gf  F,

c2 Jo(1+2G,f,) +J4(1 + 2G,)f»
“F - F,H, +2G,f,F
P~"3 P* H
or Fo,= 0 (60)

4
where H, = cos (1 + ZGJP) +sin f, (1+ 2G,)

H,= Jy(1+2G,f,) + Jy(1+ 2G,)f,
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Appendix V
The effect of bearing friction on the slipper forces

Referring to Fig.9. the effect of &changing direction can be seen to change the contact
force from Fcj to Fco . '

(a) For 0< @ <90° (referring to Fig.10)
The length L, = L sin
and L.=Lcosf-R,

Here it is assumed that for small differences between the slipper face and eccentric radii
movement of the contact point through the angle g will not alter the centre distance L.

Taking moments about the bearing centre gives:-
Foi(Lo + foLp) = fgRg(Fg,+ Fpo) (61)

Putting A4= LO +fCLT and substituting for (FBI + FBZ) from Equation (45) and Fyn
and Fr from Equations (9) and (12) for Fgg = O gives:

Fo A, =fgRg(Bg(Fpcos a+ KF, )+ By(Fp sina+ JF, ) - BgF )

P _fBRB (Bgcos a + Bysin a)F, - Bf Ry F,

cro (A - fgRg(BgK + ByJ ))
D B,f, R,F,
5 BBfH

where D, =fBRB(Bacos a + Bysin )

and Dg=A,- fyRy(BgK + ByJ)

(b) For90° < 0 <180°

Taking moments about the bearing centre (see Fig.10)
Foo(Lo =~ felp) = FoyAs=fgRy(Fyg  + Fy,)

where Ag= (L, - fo L)

Substituting for (Fg,+ Fpg,) from Equation (49) and Fy and Fr from Equations (9) and
(12) with F, = Ogives:-

FoA = fBRB(EB(FP cos o + J2Fc 2) + Eg(FP sin a + J,F, 2) - EF, )

P =fBRB(E8cos o+ Egsina)F, - E f R F,
c2 Ag 'fBRB (Est + Eng)
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ESfB RBFH

Hy
=H Tr- H
6 6 (63)

where H, = fyRp(Egcos a + Egsin a)

and  Hg= Ay - fyRy(EgJ, + EgJ;)
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CHAPTER 3

PRACTICAL TESTS

1.0 BACKGROUND

In 1975 the author was requested by Chamberlain Industries Ltd, manufacturers of the
Staffa radial piston eccentric hydraulic motor, to evaluate the possibility of testing a
new variable displacement motor in the laboratories at Bath University.

At that particular time there was considerable research activity into the starting
characteristics of hydraulic motors and their performance at low speeds. A programme
of work at Bath University under Bowns was concerned with the factors that affect the
starting torque of hydraulic motors. This was reported in a paper® at the 5th BHRA
International Symposium and in the PhD thesis by Rolfel0. A major feature of this
work was to demonstrate the importance of pressure rise rate and transmission
stiffness. These were shown to have a significant influence on the values of mechanical
efficiency obtained from a particular type of radial piston motor when tested with a
locked shaft.

Other research workers!l.12 were also concerned with the most effective methods of
testing motors for starting torque and appropriate test configurations for operating
motors at low speed. The results of these activities have recently been incorporated into
International standards ( ISO 4392-1 and -2 ) which are still under active consideration

by the respective ISO committee of which the author is a member.
The current standards are based on:

* A startability test which employs a force loaded beam, slight movement of which is
used to indicate when starting has taken place.

* A low speed test in which the motor shaft is constrained to rotate at constant speed

when under constant inlet pressure.
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* A third method, proposed by CETIM of France and now accepted by the ISO
committee, involves operating the motor under conditions of constant inlet flow with the
torque being maintained at a constant level. This would be as an alternative to ISO
4392-2 for low speed testing.

In order to fulfill the original test requirements a rig frame was built to facilitate "back
to back" testing of a Staffa VB80 dual displacement type motor (maximum displacement
1.34 L/rev, minimum displacement 0.44 L/rev) wherein the motor was used to drive a
similar unit acting as a pump. The two units were rigidly connected together by an
inductive type of torquemeter of 20.000 Nm capacity and the speed of rotation
controlled by means of either a variable restrictor or a pressure relief valve in the outlet
flow from the pump unit. The test rig is shown in the photograph of Fig 1 and the
circuit in Fig 2.

2.0 MOTOR TESTS AT MAXTMUM DISPLACEMENT AND LOW SPEED

The ISO test standards are based on maintaining two parameters constant these being
either pressure and speed or flow and torque with the static test designed to give the
mechanical efficiency and leakage as a function of shaft angle. These tests require
specialised control systems for maintaining constant speed or torque for the low speed
test. In the test rig used for this work it was found that the motor speed could be
,maintained at a sufficiently steady level by controlling the flow from the pump unit. A
nﬁmmum speed of around 1 rev/min at 100 bar could be obtained by shutting off the
outlet flow completely when the pump unit displaced all of its flow through internal
leakage.

The movements between the sliding faces in the motor vary with shaft angle in an
almost sinusoidal manner and as the purpose of these tests was to provide information
for the modelling of the motor small variations in speed were not considered of
significant importance.
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3.0 LOW SPEED TEST RESULTS

The results of the low speed test in Figs 3 and 4 are photographs taken from a storage
oscilloscope which show the motor torque against time at mean speeds of 3.4 and 9.2
rev/min for an inlet pressure of 97.5 bar. The mean torque was 1850 Nm and 1960 Nm
at these two speeds and the variation in the torque about these values reflects the
changes in the instantaneous displacement and friction with shaft angle.

The results in Figs 3 and 4 demonstrate a significant increase in mechanical efficiency
at the higher speed and a noticeable difference in the shape of the torque ripple,
particularly at 360 shaft angle when the cylinder at BDC is depressurised. At the lower
speed stick slip motion occurred which can be seen as a ripple at a frequency of around
30 Hz. This frequency was the approximate value of the natural frequency associated
with the transmission inertia and the pump unit displacement. At 9.2 rev/min the
sudden changes in torque at 09 and particularly at 360 produce a torque ripple which is
also associated with the natural frequency of the load system.

Stick slip could have occurred in both or either of the motor and pump units but it is
interesting to see that the oscillations disappear between 18 and 36° which coincides
with the shaft angle of a cylinder passing through 900. As was discussed in Chapter 2
the condition of the piston tilting at 900 shaft angle when reversal of the con rod occurs
causes a considerable change in the frictional forces and a consequent reduction in the

losses at this position.

There is no rotation in the con rod bearing during this condition and the elimination of
the effects of reversal of the con rod particularly at the position where maximum torque
is obtained may provide sufficient relaxation to prevent from stick slip occurring. The
recommended minimum operating speed for this motor is 5 rev/min and, consequently
in practice, the stick slip condition is normally avoided.

Because the rotational speed was found to be substantially constant during the tests
the time scale was sufficiently accurate to provide direct indication of the shaft angle.
One piston cycle takes 720 of shaft rotation and the reduced scale photographs of Figs 5
and 6 show how the torque fluctuations are repeated every 720 Deg. The pressure in a
cylirider is also shown in these figures and its relation with the cyclic position can be
clearly seen.
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For this size of motor at a pressure drop of 97.5 bar the mean theoretical torque, Gy,
is 2080 Nm which provides the mean mechanical efficiency from the results of Figs 3
and 4.

Thus
Mm=OM/ OvT
where Qh; is the motor torque.
The instantaneous mechanical efficiency is given by:
n=0m/ Gvi
where O is the theoretical instantaneous torque at the given angle 6.
Thus My =Nm Ovr / OMI
where Owmr / Our is obtained from the ideal values of Fig 1 Chapter 2.
The mechanical losses are therefore given by:
L=1-nt=1-Mm©&umr/ Om

The values of Ny, and L, for the two speed conditions obtained in this way are shown in
Figs 7 and 8 where the torque is the mean value from the recordings in Figs 3 and 4 at
a given shaft angle.

4.0 PRESSURE RISE RATE TESTS

As was mentioned in section 1.0 work by Rolfe9 at Bath University was carried out on
aspects of testing and modelling of hydraulic motors which had shown that for static
tests with a locked shaft the rate at which pressure was admitted to the motor had a
considerable effect on mechanical efficiency. ‘
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A similar test was performed on the Staffa motor with a locked shaft by controlling the
rate of opening of the inlet valve, the results from which are shown in Fig 9. The
results obtained by Rolfe for a different type of radial piston motor, which are shown in
Fig 10, covered a much wider range of pressure rise rates, N, reaching its maximum
value for rates above 200 bar/s. Although not shown in Fig 9, N did not increase for

rates above a value of 11 bar/s.

These results show that motor torque during starting is extremely sensitive to the way
in which pressure is initially introduced to the motor. The effect of pressure rise rate is
also influenced by the stiffness of the transmission system that is connected to the
motor shaft. The combination of these two parameters determines the amount of twist

in the motor shaft and, consequently the movement of the motor components.

Both of these figures originally appeared in the paper9. There will be further
discussion on the results of this and the previous section in section 7.0.

5.0 TESTS AT LOW SPEED AND MINIMUM DISPLACEMENT

The motor unit was tested at low speed with its displacement set to the minimum value
(0.44 L/rad) which corresponds to one third of the maximum displacement. The results
are shown in Fig 11 for a pressure difference of 147 bar.

With the restrictor on the pump unit outlet closed off completely the motor speed was
very low ( < 0.3 rev/min) and at the minimum efficiency the motor appeared to stop
rotating momentarily as the shaft angle approached 360.. The large increase in
efficiency after 360 shaft angle indicates that the low value of efficiency at 360 is caused
by the cylinder that reaches its BDC position at this angle.

. At this low speed the cylinder had been pressurised for several minutes with the
consequence that the friction had risen to a level such that the motor had ceased to
operate. This situation does not normally apply during starting because, during
starting, squeeze film effects will maintain the clearances between the sliding
components unless the pressure had been admitted very slowly in the manner
described in section 4.0.

The mechanical efficiency for the larger displacement at a pressure of 147 bar is also
shown for comparison. Thus at approximately similar speeds, the effect of reducing the
displacement is to reduce 1, by around 10 to 12%.
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6.0 INDUSTRIAL TESTING

6.1 Background

During 1977 the author became responsible for engineering of the Staffa motor at
Chamberlain Industries when he was appointed Technical Director. Despite their
position of world market leader for low speed motors the company did not have a
product development programme and as a consequence was involved in a minimal level
of engineering testing of any kind.

A programme was instituted to investigate the possibility of developing an automatic
control to provide constant power from the dual displacement motor, so that for a fixed
input flow the motor speed would vary with changes in the load conditions. The results
of this work were presented in a paperl3 by the author at the 5th BHRA International
Fluid Power Symposium in 1981.

At this time the company was concerned with a major change to the product that
involved replacing the white metal facing to the slipper with a bronze material which
could be brazed in the company’s manufacturing plant. This material change had the
benefit of higher pressure capability and reduced cost but a disadvantage in not having
the good bearing properties of white metal. '

To avoid the problem of reduced bearing capability the motor had to be run in very
carefully after assembly and to improve this a thin layer of tin was applied to the slipper
face. The bronze was less tolerant than white metal to the surface finish of the

eccentric and to the effects of distortion of the slipper component.

There was considerable pressure on the company to increase the pressure and power
rating of its motors and allow their use with different fluids. This, coupled with the
slipper face problem, generated a need to develop a more fundemental understanding of
the parameters that affect the performance of the slipper bearing. This required a
combination of analytical and test work to establish the important parameters involved
which led to an initial examination of the problem using the approach described in
Chapter 2. The work was not fully completed at the time but sufficient insight was
gained to identify some of the problems.
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The engineering development laboratory had a single "back to back" test rig of 50 kW
maximum power capability. Using a particular method of power regeneration allowed
the test power to be increased by around 2.5:1. Eventually a second test rig, hydraulic
power pack and control consul were installed which can be seen in the photograph of
Fig 12 which shows the general layout of the laboratory test facility.

A proper evaluation of the motor components demanded specialised test rigs for
investigating the performance of individual components. At the time no references in
the English language were found that related to such work. Any available referenced
work usually concerned axial piston swash or bent axis type machines and that of
Turnbull4 on plate valves gave some insight for analysing the likely performance of
slippers at high rotational speeds.

The work of Causemann!4 and more recently that of Ezato®é on piston friction are
examples of special purpose test rigs which, in these instances, were used to measure
piston friction. Kobayashil5 also used a special purpose test rig to measure the friction
in the spherical joint of an axial piston swash type pump. Boinghoffl6 has examined
theoretically the effect of friction in the spherical joint of a bent axis pump.

As was shown in Chapter 2, the motor performance is very sensitive to the radius of the
slipper in relation to that of the eccentric. As described in Chapter 2, there is a
difficulty in obtaining an accurate measurement of the slipper face. Being machined
from a forging the thickness of the slipper had, at that time, a wide tolerance limit. As a
consequence of such component variations, the level of distortion of the slipper face

would vary considerably, particularly at the four outer corners.

There was, therefore, a considerable area of uncertainty as to the proportion of the
mechanical losses attributable to each of the three sliding faces, the extent to which
these could be influenced by the materials, manufacturing process and the range of
variability that was likely to occur.

Real development work was hindered by lack of resources and pressure from both
within and outside the company on matters which were often of some urgency. The test
work that was done was carried out in a piecemeal fashion, as time allowed, on the
basis of the prognostications that resulted from analytical work. This was a good
example of the British industrial problem; insufficient resources causing a lack of
knowledge of a product that had been manufactured for years.
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The remainder of this chapter is therefore concerned with a description of the various
tests and the results obtained which will be used in subsequent chapters to provide
information for the improvement of the model and a discussion of how the design itself
could be modified.

6.2 Average Running Torque

A typical performance test result for the motor having bronze faced slippers is shown in
Fig 13 where the effect of speed on mechanical efficiency can be seen for the two motor
displacements. The mechanical efficiency is also affected by motor inlet pressure; the
results for the minimum displacement in Fig 13 showing this to be reduced by 6.8% at
40 rev/min for the pressure increased from 207 bar to 276 bar.

Following the change to the bronze slipper facing material it was found that operation of
the motor at full rating in the first few minutes could result in a serious loss of torque
to the extent that the motor would sometimes stop rotating. Examination of the slipper
faces showed little, if any, signs of wear or pick up and following reassembly and 20
minutes running in the motor would operate normally. This problem was difficult to
quantify but, according to information contained in a research report!7 on bronze
bearings, this phenomena can occur and if found early enough would not result in any
consequential damage.

The problem highlighted doubts about the method of machining the slipper faces and
the accuracy of this radius. There were also problems at the time in achieving the
desired surface finish on the eccentric of dual displacement motors. This type of motor
operates at much higher speeds than the version having fixed displacement which
increases the probab;lity of seizure. These difficulties brought into sharp focus the lack
of knowledge of the parameters that affect the performmance of slippers.

To obviate this problem the running in procedure for production motors was changed
and the time extended but, despite these measures, occasional problems persisted.
White metal is a very tolerant material and in many circumstances had been able to
accommodate production variances without serious loss of performance or reliability.
However, as a result of the lack of fundamental knowledge, this fact had not been fully
appreciated.
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Extensive tests on a motor having a thicker edge to the slipper demonstrated the
important effect of distortion in this component as it showed none of the usual visual
signs of contact on the slipper face. The motor design did not allow this increased
thickness at maximum displacement and consequently such a meodification could not

be effected on production units.

The tin coating applied to the slipper face allows its shape to conform to that of the
eccentric and thus accommodates differences in their radii. The amount of tin removed
during running in would therefore depend on the level of this difference in the radii.
Differences in the amount of tin removed reflected the variation in the manufacturing
tolerances. White metal is a softer substrate and it was felt that this was a major
factor for the more consistent performance obtained with this material because of its
ability to accommodate manufacturing tolerances and distortion.

An additional test on four motors was performed by restricting the outlet flow. This
creates a back pressure such that, in the absence of torque loading on the motor shaft,

those pistons that are acting as a motor drive those that are acting as a pump.

Two of the motors tested in this way had slippers of the bronze material and the other
two of white metal. Assuming that the mechanical efficiency for those cylinders acting
as a motor was the same as for those acting as a pump enables the mean mechanical
efficiency to be calculated as follows:

Thus TlumD=PpD/1]m or 1'|m=(Pp/Pm)l/2

This is not the true mean mechanical efficiency for normal operation because the
frictional losses from the shaft bearings and the distributor valve will be almost zero for
the test condition. The results thus obtained in Fig 14 show the white metal slippers to
have an efficiency that is about 1-2% greater than those with bronze slippers. The
model results in Chapter 2 indicate that an increase in fc of 0.1 to 0.12 would result in
a 1% reduction in ny,. Fig 14 also shows the variation of mechanical efficiency with oil
viscosity for a speed of 25 rev/min.
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6.3 Tests with High Water Based Fluids

The Staffa motor had originally been developed in conjunction with the National Coal
Board in the late 50’s and, since that time, used extensively with 60/40 water in oil
emulsion fluid for mining applications. However, on making the change to the bronze
slipper material, it was necessary to submit the modified motor for the standard life test
at MRDE Bretby. This was not completed due to the unexpected failure of the con rod
bearing in the piston.

The Coal Board was also asked to consider using the motors with 95/5 oil in water
emulsion and consequently carried out tests using a standard motor which had bronze
slippers. The motor type was of dual displacement having maximum and minimum
displacements of 3.08 and 1.48 L/rev respectively. The results obtained for the
mechanical efficiency with both fluids were as follows:

Test conditions - 138 bar pressure drop; 10.4 bar outlet pressure

Displacement (L/rev)

1.48

o
o
(o)

|-

Fluid 60/40 95/5 60/40 95/5

Efficiency
variation at 67-85% 57-75% 76-89% 63-82%
1 rev/min

Efficiency at 86% 75%
80 rev/min

Efficiency at 86% 70%
150rev/min

Lowest obtainable 33% 60%
efficiency

The use of the 95/5 fluid reduces the mechanical efficiency obtained with 60/40 fluid
by up to 17% at 1 rev/min. In the worst case the mechanical efficiency fell to 33% at
minimum displacement with the 95/5 fluid,
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95/5 fluid has a viscocity of 1cSt as coxfx_pared to 60 cSt for 60/40 fluid which will
considerably increase the leakage and could cause the flow in the hydrostatic slipper
supply restrictor to become turbulent thus reducing the available bearing pressure.
However increasing the size of the restrictor had no discernible effect and thus it was
felt that the reduced mechanical efficiency (for both fluids in relation to oil) resulted
mainly from higher levels of friction in the sliding contacts. Certainly for the 95/5 fluid
squeeze film effects would be negligible which coupled with an increase in the static
coefficient of friction would be expected to cause a reduction in efficiency. The life
problem of the con rod bearing even with 60/40 fluid gives a lie to what is already
expected - that the con rod bearing is the major cause of poor efficiency.

It is of interest to note that, at the time, a series of tests using a phospor bronze cup
insert in the con rod bearing were performed by running a motor continuously with
60/40 fluid against back pressure at low speed (3-5 rev/min). The use of this material
in the bearing eliminated the failure problem with water based fluids.

6.4 Static Tests on a Piston and Con Rod Assembly

A number of con rod and piston assemblies were tested on a special rig having two |
cylinders in opposition that were both pressurised onto an eccentric. The purpose of
this test was to measure the slipper hydrostatic bearing pressure and the leakage flow
from the slipper. Rotation of the eccentric was not possible and because of the
arrangement there was zero eccentricity and hence zero torque. The con rod axes were
therefore in line with that of the cylinder. )

Because there was no rotation of the con rod, there would have been no frictional
torque from the con rod bearing. Thus the slipper contact force, Fc, would, as a result,
have been zero. This allowed the slipper to lift off from the eccentric surface, the
leakage through the bearing supply restrictor reducing the bearing pressure until the
bearing force was equal to the net force from the piston.

For the particular type of slipper used the area of the face was such that for balance the
ideal ratio between the pocket and supply pressures is 0.9.
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Two different shapes of hydrostatic slipper pocket were used as shown in Fig 15 and the
variation of pocket pressure ratio with the supply pressure is shown in Fig 16 at two
different oil supply temperatures. The temperature of the eccentric was also measured
and found to be substantially the same as that of the supplied fluid during steady state
operation. The temperature has the effect of reducing the operating pocket pressure
ratio by around 0.02. The slippers having square corners show a reduction in the
pressure ratio as the supply pressure increases beyond 150 bar which was considered
to be due to increased leakage from the corners as a result of distortion which increased
with pressure. This is confirmed by the leakage flows shown in Fig 17 where the flow

for the square cornered pocket increases at a greater rate at higher pressures.
7.0 DISCUSSION OF RESULTS

7.1 Low Speed Performance at Maximum Displacement

The variation in the losses with shaft angle at the two speeds in Fig 8 show marked
differences which reflect the changing friction conditions as the speed is increased.
These have resulted in increasing the mechanical efficiency and a noticeable change in
the shape of the ripple.

The application of the mathematical model in Chapter 2 made a comparison between
the model incorporating constant values of the friction coefficients and the practical
results shown in Fig 8. This demonstrated that variations in the friction coefficients at
. low speed were related to the cyclic events in the motor geometry.

The stick slip observed at 3.4 rev/min does not occur at the 9.2 rev/min condition. This
is considered to be an indication that the conditions in the con rod bearing have
changed from almost dry contact to those of boundary lubrication.

For the lower speed condition the increase in the losses (Fig 8) beyond 00 (TDC) is
possibly due to the reduction in film thickness in the sliding components in that
particular cylinder. As was discussed in Chapter 2 there is an indication of the con rod
bearing reversal causing the piston to reverse its tilt in the clearance region with the
cylinder. This could explain the reduction in losses after 180 shaft angle. The con rod
angle will remain unaltered during this period of tilting resulting in the con rod bearing
oil film being squeezed to a level such that the frictional conditions approach those for
dry surfaces.
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The slight ripple at 27.5° following the piston tilt reversal is considered to be a result of
stiction in the con rod bearing when the losses momentarily reduce at 280 shaft angle.
The friction losses increase further beyond 280 due, possibly, to further reductions in
the film thickness because even at this angle the con rod angle has only changed a
small amount from that at the 900 position.

As the con rod bearing reversal progresses the interface will become wetted from fresh
fluid which would result in the friction eventually reducing. Fig 18, gives the
relationship between the ratio of the angular velocity of the con rod to its maximum
value and shaft angle. This shows that, as the velocity of the bearing for the No.2
cylinder increases from zero at 180 shaft angle, that for the No.1 cylinder is reducing;
the two velocities being equal at an angle of around 540. Now at 3.4 rev/min, the
maximum value of the angular velocity, (do/df),, is only 0.05 rad/s. Around the dwell
point at 900, the oil film will become extremely thin with the potential of becoming
almost dry. It is likely, therefore, that a considerable amount of shaft rotation is
required before lubrication of the bearing creates conditions for the friction level to fall.
As this is happening, however, the velocity in the No. 1 cylinder is reducing to a low
value. This could explain why the losses tend to increase following the sharp reduction
at 360 when cylinder No.3 is depressurised.

From Fig 8 it is seen that the losses for the 9.2 rev/min speed condition show a much
more gradual increase from the 00 to 360 shaft positions. The higher velocities in the
con rod bearings have caused a sufficient reduction in their friction coefficient, fz, such
that tilting of the piston in the cylinder does not occur. The higher velocities, and the
effect of squeeze films, have resulted in lower friction and, as a consequence, a reduced
level of the losses. As is shown in Chapter 4, the rate of collapse of a squeeze film is
strongly dependent on the degree of taper in the bearing clearance. For the con rod
bearing the distortion of the piston cup is likely to be sufficient to eliminate some of the
taper that prevails in the clearance either side of the contact point when the
components are unloaded. The friction in the con rod bearing will thus be affected by
the squeeze film effect and the lubricity of the fluid.
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7.2 Pressure Rise Rate Effect

The effect of pressure rise rate in Fig 9 shows that for 100 bar at 00 shaft angle the
mechanical efficiency varies between 80% and 87% for pressure rise rates between 2
and 11 bar/s. Thus at the highest rise rate the pressure took 9.1s to reach 100 bar..
For the motor at 00 (TDC), when operating at 3.4 rev/min, the mechanical efficiency was
85%. For the Nos.2 and 3 cylinders the pistons had been under pressure for a time of
3.5 and 7.1 s respectively. It is interesting to see that, even though these times were
less than tﬁat required for the locked shaft test to reach 100 bar, with a pressure rise
rate of 11 bar/s, a lower efficiency was obtained. '

The torques obtained from the locked shaft test apply only to those values that were
measured as the pressure was being increased. Following the cessation of the pressure
increase, when twisting of the shaft had ceased, it is possible that this was followed by

a reduction in motor torque as the squeeze film process was completed.

However, this would not be associated by a reversal of the shaft because, with the
motor then acting as a pump, the torque in the shaft would be insufficient to cause
this. Thus the torque in the locked shaft does not represent the value under which the

motor could start rotation.

The stiffness of the motor shaft together with that of the transmission is important in
terms of the amount of shaft rotation thus created. If the rotation angle is greater than
a certain amount the slipper contact angle, B, will reach the value required for causing
rotation of the con rod. The motor torque can then be determined using the method
described in Chapter 2. However if the rotation angle is less than this value, thus
giving a lower value of B, the torque output obtained from the motor shaft will be greater
than that which is obtained when the con rod is being rotated.

This effect can'be obtained from the theoretical model using values of B that are less
than those required for the equilibrium condition described in Chapter 2. In other
words, there can be equilibrium of the radial forces but insufficient slipper contact force
to cause rotation of the con rod. This situation will produce a torque on the motor shaft
but will not allow it to rotate. For the given set of frictional conditions the variation in
Tim With B is shown in Fig 19.

Thus, Fig 19 shows that, for values of j less than 15.00, there is more torque available
at the shaft than in normal operation.
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The amount of shaft rotation that is required to achieve a given value of B is given by
equation 2.5 of section 4.0, Chapter 2.

Thus ¢=LgecB/ Rp(Rp+LRr)
where for ec = 75 um; B = 10°; ¢ = 0.0042°

The stiffness of the motor shaft and the torque transducer was approximately 106
Nm/O. Thus for a nominal torque of 1900 Nm the shaft rotates through an angle of
0.00199,

Now 1900 Nm represents a motor mechanical efficiency of 0.914 and the twist in the
shaft for this torque will create a change in the contact angle of:

0.0017x10 /0.0042 = 4.050

The equilibrium value of B of 15.20 is larger than that caused by the amount of twist in
the shaft. Thus, during the locked shaft tests there has been insufficient shaft rotation
to create an equilibrium condition in the motor. The test therefore produces more
torque than the motor is capable of sustaining which explains why the measured
rotating efficiency was less than that obtained from the locked shaft test.

It can be seen from Fig 19 that for B changing from 60 to the value of 15.10 the
indicated change in efficiency is - 11%.

7.3 Low Speed Performance at Minimum Displacement

The low speed test results in Fig 11 demonstrate the extreme sensitivity of the motor
mechanical efficilency at minimum displacement when operating at different speeds.
Even at the relatively high speed of 20 rev/min there is a reduction in efficiency of
around 10% when compared to operating at 17 rev/min with the motor at maximum
displacement. As the speed was reduced the frictional losses increased to a point where
rotation eventually stopped. Predictions from the model indicates that the value of the
con rod and slipper bearing friction coefficients would need to rise to around 0.4 to 0.5
for such low values of efficiency at 360 shaft angle.
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7.4 Average Running Efficiencies

The results in Fig 13 show the effect of operating speed at different motor displacements
and pressures for a motor in which the slippers were bronzed faced. It can be seen that
the efficiency reaches its maximum value, for the motor at minimum displacement, at a
speed of 140 rev/min. The reduction in efficiency at speeds greater than this value is
considered to be largely the result of flow pressure losses which vary with N2. At the
maximum displacement, which is 3.6 times greater than the minimum value, the
corresponding speed would be 39 rev/min. From Fig 13 at maximum displacement the
efficiency is seen to level off and remain approximately constant for speeds above 45
rev/min.

The data for 200 bar is used in Fig 20 to show the variation of the actual, torque loss
with speed for the two displacements. It can be seen that, for both displacements,
these are the same at a speed of 30 rev/min. This is interesting because individually
the torque losses from each of the three interfaces could be expected to be different as
the maximum velocities of the piston and the con rod bearing will reduce as
displacement is reduced. The effect of the reduced velocity in the con rod bearing is
likely to have caused an increase in its friction. The effect of this will be to increase
both the piston and slipper contact forces and their frictional losses.

Fig 13 also shows the effect of increasing the pressure to 276 bar which reduces the
efficiency by between 3 and 8% over the speed range of 20 to 200 rev/min. As was
shown in Fig 16 the slipper pressure ratio is subject to variations as a result of
distortion and possibly temperature changes in the 1eakage path which will be affected
by the motor speed. These serve to increase the contact force and hence the slipper
frictional loss.

8.0 CONCLUDING REMARKS

The results from the tests have shown that the motor mechanical efficiency is sensitive

to the operating pressure due to the effects of:
(a) Distortion of the slipper which causes a loss of hydrostatic pressure

(b) Changes in the frictional conditions in the con rod bearing. This is particularly
noticeable when operating at speeds lower than 9 rev/min.
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These effects have a strong influence on the efficiency when operating the motor at
reduced displacement. The frictional mechanisms are also seriously affected by the use

of water based fluids. It is considered that improvements to the existing design could
reduce these problems.

These aspects are discussed in the next Chapter together with an examination of

methods to incorporate the effect of the varying frictional conditions in the model
developed in Chapter 2.
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Fig 3 Measured torque at 3.4 rev/min for one cycle

0.2s

Fig 4 Measured torque at 9.2 rev/min for one cycle
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at 3.4 rev/min for one half of a shaft revolution

Fig ¢ Measured torque and cylinder pressure

at 9.2 rev/min for one half of a shaft revolution
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FIG 12 LAYOUT OF THE LABORATORY TEST FACILITY
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Fig 15 Shape ofthe slipper pockets
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CHAPTER 4

REGIMES OF LUBRICATION AND THEIR EFFECT ON FRICTION

1.0 INTRODUCTION

The mathematical analysis developed in Chapter 2 for the motor used fixed values for
the three coefficients of friction. However comparisions with the measured motor
performance showed that these coefficients are likely to vary during the pressure cycle.
The test results at the higher speed indicate that, as might be expected, the coefficients

would need to vary in a somewhat different manner than thuse at the lower speed.

The basis of a friction coefficient relates to operation of the sliding surfaces under dry
conditions or those of boundary lubrication. These conditions may exist at low speeds
but clearly, it is necessary to examine the various load carrying bearings in order to
establish the likely lubricating processes and how these might change over the
operating envelope of the motor.

The three bearing surfaces experience sliding velocities that vary during the pressure
cycle. That of the slipper varies about a mean value but for the con rod bearing and the
piston to cylinder interface the velocity fluctuates about zero. In particular the surface
velocity of the con rod bearing is zero when the shaft is at 900 whilst that for the piston

is zero at the outer and innermost positions .

The performance of the bearings will therefore, to a greater or lesser extent, depend

upon;

a) The effects of squeeze films on the rate at which the bearing clearance closes
following the commencement of the pressure cycle. For the con rod bearing the squeeze

process may also have an effect when the rotational velocity is zero.
b) The level of distortion in the joint

c) Hydrodynamic effects which reduce with reducing speed
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2.0 SQUEEZE FILM EFFECTS

When two adjacent surfaces are put under compressive load, the surfaces will approach
each other at a rate dependent on the oil leakage from the clearance space. The mass of
the components in question is small in relation to the applied pressure force.
Consequently the oil pressure that arises will be that which creates sufficient
separating force in opposition to that which is applied. This means that, because of the
small mass of the moving parts, for instantaneous changes in the applied force there
will be instantaneous changes in the separating pressure.

Thus for a given applied force the larger the area of the separating faces, the lower will
be the required separating pressure and hence the rate of closure of the faces. In the
motor, the con rod bearing has the largest ratio of applied force to bearing area of the
three sliding faces. Consequently the level of friction during conditions of boundary
lubrication is likely to be critically dependent on the clearance in the bearing. This
bearing is spherical (Fig 1) except that the cup is formed by machining the spherical
surface about a point that is to one side of the centreline, the appropriate choice of
which distance determines the angle of contact.

An analysis of fhe pressure generated in the squeeze film between these two surfaces is
given in Appendix I. The solution of this problem requires the numerical integration of
equation 7 in Appendix I for the radially inward flow in the inner region where r<rp,.
The radius ry, is that at which the maximum film pressure Py, occurs. Thus (dh;/db)
can be obtained in terms of the maximum pressure P, at the given radius r, and the

clearance h;.

Similar integration for flow in the outer region for r>r, enables Py, to be obtained as a
function of h; and dh;/dt. By equating the equations for Py, thus obtained, the
variation of (dh;/df) with ry, and h; can be determined. This analysis only applies to the
ideal situation of perfect sphericity of the components. There will be, in fact,
considerable distortion of the surfaces and the solution of this problem would require
Finite Element and Computational Fluid Dynamics Programs in which interactive
capabilities are available.

The components are in contact on a line at 450 to the bearing axis and when |
pressurised the contact zone will produce surfaces which are parallel. On either side of
this zone the film thickness will be divergent and to simplify the analysis of this
situation the effect of squeeze films is considered for:
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a) A flat annular ring and a flat face

b) An annular ring that has a convex surface and a flat face

2.1.0 Flaf Annular Ring
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The squeeze film effect for the annular ring is analysed initially in Appendix II for the
general case of convergent clearance in the outward radial direction which is then
simplified for the special case of parallel clearance.

Using the dimensions for the spherical bearing (ref Fig 1) where rg=14.26mm,
r=20.16mm and r1=24.7mm, it is useful to first consider the case of parallel clearance
for plates having these inner and outer radii. Here it is a question of selécting a value
for r, in prder to obtain a value of (3u/h3)dh/dt (hereafter referred to by Sp) from
equation 12 Appendix II that produces a force that is equal to the applied force. Taking
the applied force, Fr, as that acting on the piston for a supply pressure (Ps) of 200 bar
produces the following values:

m = 18.99 mm

(3u/k3)dh/dt = - 1.91x1012 Nm-4
Py =1130 bar

Fr=99000 N

The pressure distribution for this constant viscosity situation, shown by graph (a) in
Fig 2, would be sustained for all values of the clearance h as it diminishes. The change
of clearance with time can be established by integration of (1/h3)dh/dt

Thus dh/h3 = - 1.91x1012¢/3u
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(1/h2 - 1/h;2) = 2x1.91x1012t/3p
Taking a value of u=0.05 Nsm-2 and for h;=10-5m, we obtain:

t = 3.9x10-14x(1012/h32 - 1012/100)
t = 3.93x10-2x(1/h22 - 1/100)

Here hy is in micron. Typical values for the time t for the clearance to reduce are given

in the following table:
ha(um) t(s)
5 0.0012
1 0.039
0.5 0.1560
0.10 3.90
0.05 16.00

It is of interest to determine how the value of the radius r, affects the value of the
parameter Sp. Examination of equation 12 Appendix II shows that Sp is negative ( ie h
decreases with time ) for r, less than the critical value of:

((r12-ro2)/2log(r; /ToN1/2

For ry greater than the critical value, the value of Sp that satisfies the flow equations
becomes positive. For this zone P is negative, which represents a physically
unrealisable situation. There are therefore two flow zones either side of the critical
radius at which the magnitude of the values of Sp and P, tend to infinity.

For the given conditions the critical radius occurs at r, = 19.24 mm. The variation of
Py, with ry, is shown in Fig 3 from which can be seen the value that corresponds to that
of the pressure distribution of graph (a) in Fig 2. Fig 3 also shows the variation of the
squeeze force with Sp which gives the value of Sp when the squeeze force is equal to the

available piston force.

2.1.1 The effect of Pressure on Viscosity
At the high levels of pressure that are generated between the faces of the bearing it is
pertinent to examine the influence of pressure dependent viscosity ( piezo viscous fluid )

on the squeeze film effect. As shown by Cameronl8, the viscosity variation can be
modelled quite accurately for pressures in the range up to 1500 bar by:
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H=poexp(Kop) (1)

where g is the datum viscosity for the fluid at the supply temperature. Equation 1 can
be included in the flow equations in Appendix II from which P, can be obtained as

follows:
exp(-KoPr) = exp(-KoPs) - KolSp)fj (2)
and exp(-KoPm) = 1 - Ko(Sp)l, (3)

Here Ip = rm22L(r1/rm) - (n/rm)2 + 1)

and I = m22l(ro/mm) - (ro/mm)2 + 1)

Equations 2 and 3 give:

Sp = (1 - exp(-KoPs))/Kollo - I) (4)

where Ip - I = 2r2l(r1 /o) - (112 - 102)

Now for constant viscosity, when K, = 0, we have from equation 12 Appendix II:
Spo = Ps/(Ip - 1)

For a given value of ry,, the ratio of the Sp values for the constant and variable viscosity
cases are:

Sp/Spo = (1 - expl-KoPs)) / KoPs (5)

From the BP literature for their range of oils a typical value of K, is 2x10-8 N-1m2. This
causes the viscosity to increase by a factor of 7.38 for a change in pressure from 1 to
1000 bar. This value will depend on the type of oil used and takes no account of

temperature changes in the fluid resulting from the energy dissipated in the viscous
flow.

For this value of Kj the ratio of Sp values obtained from equation 5 is 0.83. Taking a
value of rp, = 18.72 mm the value of Py, is 2422 bar compared with 600 bar for Ky = O.
Thus a given value of Py, will occur at a smaller value of ry, than that for Ko = 0.

The pressure distribution obtained from the boundary conditions and a given value of
'm is given by:
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expl-Kyp) = expl-KoPm) + SpKorm?2(2l(r/rm) - (r/Tm)2 + 1) (6)

For Ko = 2x10-8, the value of r, was chosen that gave the same value of Py as that
which provided balance with the piston force when Ko = O ( ie 1130 bar ). This
produces the pressure distribution shown by graph (b) in Fig 2 which will give a very
similar separating force as that obtained for Ko=0 but with r; = 18.6 mumn rather than
18.99 mm. However the value of Sp has reduced to -6.7x10!! which increases the time

for the clearance to close by a factor of 2.85.

2.1.2 The Effect of Viscous Heating on Viscosity

In the paper by Thomal9 on sealing gaps which included the effect of viscous heating of
the fluid, the separating force was shown to be less than that obtained for a constant
viscosity fluld. The amount of the reduction was shown to be dependent on the
pressure level. The analysis was for the fluid flow across a clearance which took no

account of heat transfer between the fluid and the surfaces of the components.

This approach can be applied to the squeeze film effect by assuming that the fluid
viscosity varies exponentially with temperature.

Thus p =p exp(-B (T-To)) 7

where Tg is the supply temperature and T the temperature at any point in the flow. If it
is assumed that the value of B does not vary with pressure then p; can be represented

as a function of pressure as in equation 1.

Thus u = poexp(Kop)exp(-B (T-To)) (8)

where g is the viscosity at the inlet temperature and atmospheric pressure.
The increase in fluid temperature is caused by the dissipation of pressure due to
viscous effects.

Thus pCp(T - To) = (Pm - D)

SO T'TC):(Pm'p)/PCp:c(Pm 'p) (9)

Equation 9 into equation 8 gives:
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u = poexp(Koplexp(-BC (P, - p)) where C =1/ (pCp)
1 = poexpl(Ko + BC)p)exp(-BCPr,) (10)

Substitution for p into the flow equations in Appendix II yields two equations for P,
which are given by:

exp(-K1Pm) = expl-K} P;) - SphiK)exp(-BCPy) (11)

where K; =Ko + BC

and

exp(-K} P) =A1 - SpK1loexp(-BCPr) (12)
These equations then give:

exp(-K1Pm) = (I - Ioex;;(-KIPs))/ (& - Io) (13)

and

Sp = (expX-K)1Ps) - exp(-K)Pm))/ K15iexp(-BCPr) (14)

Thus at a given value of ry, values for I} and Ip can be obtained which then allow values
for P, and Sp to be determined from equations 13 and 14. Taking B as 1/36 which
represents a 67% reduction in viscosity between 40 and 800C the value of Py, -of 1130
bar occurs at r,;, =18.3 mm, but Sp has increased in magnitude to 2.2x1012 (cf
6.7x1011). More importantly the resulting pressure distribution will not produce
sufficient resisting force. Even with Py, as high as 1666 bar the pressure distribution,
shown by graph (c) in Fig 2, still produces less force than that required, as can be seen
by comparison with that of graph (a). At this condition the magnitude of Sp has
increased to 5.37x1012 (2.81 times greater than for the case of constant viscosity). The
effect of temperature on viscosity due to viscous heating is thus seen to have a
significant effect on the rate at which the film closes during the squeeze film process.
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3.0 SUMMARY FOR THE PARALLEL CLEARANCE CASE

To summarise this examination of squeeze film effects for a parallel clearance the
process probably falls between those obtained for isothermal ( ie B=0 ) and adiabatic
conditions. The value of Sp for the constant viscosity case falls roughly between these
two extremes. Fuller20 refers to experimental work carried out using optically flat
plates which produced times to close the gap that were significantly greater than those
predicted by the theoretical constant viscosity model, particularly when the film

thickness was less than about 1 micron.

Because of the squeeze film effect, surfaces can therefore remain separated for quite
considerable periods of time. Thus, for example, closure of the film to the level of 0.1
micron would take, for conditions of constant viscosity of 0.05 Nsm-2, approximately 4s.
For the motor operating at 3.4 rev/min the time for one half revolution is 8.8s. A shaft
movement of 50 either side of 900, when the con rod is at its maximum angle, creates a
displacement in the bearing of 8.6x10-4m during a period of 0.25s. Thus for the bearing
surfaces that are parallel, the squeeze film effect can play an important role in
minimising possible surface contact.

For the con rod bearing dimensions given in Fig 1, contact between the two spheres
occurs at the radius e at an angle to the centre line of 450. The clearance between the
two components varies with angular position about the contact point as shown in Fig 4.
This clearance is, however, extremely sensitive to the effect of distortion of the piston
cup. For a constant pressure of 1000 bar applied to the cup the resulting distortion,
obtained by finite element methods, is also shown in Fig 4. This produces an upward
bulge in the cup and causes the sphere to contact the cup at a slightly smaller radius
shown by point A in Fig 4. This creates inward and outward flows that pass through
clearances that are varying divergently with a critical radius ry, that will be less than
the radius corresponding to the new contact point at A (see Fig 4).

The effect of tapered films between the two surfaces can be examined using the analysis
of Appendix II with particular reference to a determination of the influence that this has
on the time for reducing the film thickness.
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4.0 TAPERED CLEARANCES
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In the analysis of Appendix II, for a given change in clearance with radius the integrals
In, Io and I can be obtained for a given value of ry,. Here Ip is the integral that is
obtained from considering the flow in the radially divergent region for r>re.

Using equation 21 of Appendix II produces a value for 6udh/dt ( referred to as Dy) which
enables values for P,, and P; and the pressure distribution to be calculated.

The problem here is that Dr is a function of the level of clearance. Consequently the
value of Dr needs to be determined at different clearances, the closure time being the
area under the graph of dt/dh against h.

The clearance variation in Api)endlx II is defined by the slope of the surface which is
denoted by the dimensionless parameter a. Some resulting pressure distributions for
. values of a of 0.0002 and 0.0004 are shown in Fig 5 for two different clearances.

Referring to Fig 4, the clearance variation for a slope of 0.0004 is shown in relation to
that for the bearing cup. The bearing pressure distributions, as can be seen from Fig 5,
have a much more pronounced peak than that obtained for a parallel clearance. For a
given peak pressure the closing rate between the two faces is greater than that of the
parallel clearance resulting in the closing time being reduced. The variation in clearance

represented by the chosen values of a are:
a .0004 .0002 .00004
Ho-H) (um) 418 20 418

These variations in clearance are small but they become significant when the minimum
thickness (H)) falls to less than 1lum. The calculated rate at which the film thickness
reduces becomes smaller as H; reduces.
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The variation of d¢/dh with H/ is shown in Fig ¢ for a peak pressure of 1130 bar, giving
a time for the clearances to close from 0.6 to 0.1 micron that is approximately 1/50th of
that for the parallel clearance. For a peak pressure of 3000 bar this time would reduce

to 1/ 100th ofthat for the parallel plate.

The minimum possible clearance will depend on the surface finish of the components,
the actual shape of the surfaces and the properties of the fluid. If hydrodynamic
lubrication is possible this will determine the final level of clearance after the squeeze
film effect has ceased. The next sections will examine these aspects in order to establish
the lubrication mechanisms that are likely to prevail under the range of operating

conditions.

5.0 COMPONENT DISTORTION
5.1 Con Rod Bearing

It was shown in section 3 that the levels of distortion generated by a pressure of 1000
bar are ofthe same order of magnitude as the shape of the clearance path between the

sphere and the cup in the con rod bearing.

The degree of distortion that is obtained when the piston force is impressed on the
bearing can be determined approximately by using the equations for the contact
between two discs whose length is that of the contact path. Here the piston cup is a
disc the surface of which has negative curvature. The Hertzian equations for this
situation, represented in the following diagram and summarised by Cameronl§,

produce the following relationships:

SADIAL
SEftfiiNC
CENTRELINE
DISTRIBUTIONI
CUP
SURFACE
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P_..=0.418(EW/RL)1/2

and a= 1.52(WR/LE)!/2 (semi width of the contact zone)
where Poisson’s Ratio =0.3

For the ball joint the radius of curvature R = Rc2/c
where c= difference in the two radii
From Figl we have R.=29.2 mm
For a contact angle of 459 and a radius of the sphere of 28.51 mm
we get:
¢ =0.69 mm
R=1.24m
L=130 mm

For E=2.1x1011 Nm-2 and W=96000x1.414 N (piston force resolved normal to the
contacting surface for Ps =200 bar) gives.

Prax=1758 bar

and a=3.77 mm
The pressure distribution for the contact conditions is given by:
P=Pmax(1-(x/a)2)1/2
From the diagram the radius r = Rgsin(45 - ¢) or Rgsin(45 + ¢)
and ¢=x/Rg

where the circumference of the circle is assumed to be a straight line over the angle ¢.
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For the dimensions of the bearing, this pressure disi'nbution is shown by graph (a) in
Fig 7. Fig 7 graph (b} shows the pressure distribution for the squeeze film for the
parallel plate as derived in section 2.1.0 and shown in Fig 2 (a). Applying the squeeze
film analysis to the Hertz contact width produces the pressure distribution shown by
graph (c) in Fig 7. This produces a squeeze rate which is 7 times greater than that for
the larger area. The corresponding times to squeeze down to 0.1 and 0.05 pm weuld be

0.57s and 2.26s respectively.

The pressure on either side of the contact zone will depend on the amount of
hydrodynamic effect that is present. The presence of such pressure will reduce the force
across the contact zone and hence the level of distortion thus created. The presence of

supply pressure (P;) will also reduce the contact force and alter the level of distortion.

5.2 Slipper Bearing

The clearance between the slipper bearing face and the eccentric will vary either side of
the line of contact by an amount that is dependent on the value of e.. There will be
distortion around the rectangular periphery of the slipper which will cfeate increases in
the clearance. It will also cause the clearance to be tapered in the outward direction by
varying amounts around the periphery. This will result in increased leakage and
reduced pressure force on the slipper lands which will increase the magnitude of the
contact force (Fo). The effect of this will be similar to that caused by increasing the
slipper radius in relation to that of the eccentric. The effect of changing this parameter

was demonstrated in Chapter 2 to have a considerable influence on motor efficiency.

Kobayashi and Ikeya7 have carried out a structural analysis of the piston to slipper pad
ball joint for an axial piston swash plate pump using finite element methods. This
configuration is axisymmetric and the flow through the slipper clearance was obtained
by integration of the variation in clearance with radius. The film clearance between the
slipper pad and the swash plate was then adjusted to give a hydrostatic pressure force
which balanced that of the piston by considering the pressure drop across the
hydrostatic feed restrictor.

The work showed how the film thickness and leakage flow varied with the thickness of
the slipper pad. This analysis for static conditions did not include the condition where
the slipper comes into contact with the swashplate in order to overcome friction in the
ball joint. |
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The con rod and slipper component in the radial piston motor has a complex shape
which is not axisymmetrical and involves a complex distribution of the various forces.
The evaluation of this situation using finite element methods would be considerably
more complex than that for the axial piston machine described. Such techniques are

not generally available at the current time.

5.3 Piston and Cylinder Distortion

The results obtained by Ezato and Ikeya® showed that the friction coefficient between
the piston and cylinder of an axial piston machine varied with the pressure, speed and
the angular position of the shaft. For a given shaft position and speed there were no
significant differences in the values of the friction coefficient with changes in pressure.
This tends to indicate that distortion of the components at the point of contact has little
effect on the conditions at the contact. As with the ball joint the shapes of the
components and the force distribution are complex for which computational techniques
are not available at the present time to solve this type of problem.

5.4 Summary

There are varying degrees of distortion in the sliding faces of the motor which cannot be
determined accurately. As a result it is difficult to define, with any precision, the
lubricating mechanism in the bearings. However it is worthwhile, despite the difficulties
introduced by the effect of distortion, to investigate the possibility of hydrodynamic
lubrication.

6.0 Hydrodynamic Lubrication

The existence of hydrodynamic lubrication largely depends on the film thickness which
can be estimated using well known methods. For this section the methods described by
Fuller20 are used for examining the con rod and slipper bearings. Fuller presents the
results of numerical methods developed separately by Karelitz2! and Needs22 for the
solution of Sommerfeld’s theory for journal bearings.

The contact force between the slipper and the eccentric arises when there is insufficient
force from the hydrostatic pressure. This force has to be carried by the rectangular
edges of the hydrostatic slipper bearing pocket. For this situation the numerical
method produces a film thickness of less than 0.3 micron at a speed of 50 rev/min for a
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value of e, of 25 micron. This would be considered too small to support hydrodynamic
lubrication and at the test speeds of 3.4 and 9.2 rev/min the bearing must therefore be
operating under boundary lubrication conditions.

Assuming that the con rod bearing has retained its circular shape but that the
distortion has reduced the difference in radii of the components to 2.5 micron, film
thicknesses of less than 0.2 micron at speeds less than 50 rev/min are obtained. The
distorted shape of the bearing will be far from circular (at the level of elastic
displacements less than 10 micron) but it may be that wedge shapes are created which
could conceivably generate hydrodynamic effects.

The surface finish of the components is of great importance and it is the experience of
the author that when this is greater than around 0.3 micron, poor performance and
failure will result. It is interesting to note that after initial operation of motors for a few
tens of hours the surface of the sphere becomes smooth to a level of less than 0.03
micron.

The operation of motors with high back pressure for even relatively short periods of time
can cause failure of the con rod bearing. When operating under these conditions the
sliding surfaces are continuously loaded. Under conditions of low backpressure these
surfaces are unloaded for one half of the cycle during which time the film thickness
between these surfaces can increase. The fact that the presence of backpressure
causes failure indicates the importance of the squeeze film effect on the lubricating
mechanism.

The wear problem reported in Chapter 3 when operating with water based fluids is
likely to be due to poor lubricity but this may also be associated with a reduction in
squeeze film effects due to reduced viscosity.

It is interesting to note that some earlier types of radial piston motors did not have
hydrostatic bearings in the slippers. During stall conditions squeeze film effects in the
slipper bearing caused the mechanical efficiency to reduce to around 25% after a period
of 40 to 50 secondé. This would have required the slipper coefficient of friction to rise to
a level of about 0.45.
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In this context the loss of torque during the very low speed test at low motor
displacement, described in Chapter 3, must have been due to squeeze film effects
eventually resulting in a breakdown of the boundary lubrication conditions.

7.0 EVALUATION OF THE MODEL USING VARIABLE FRICTION COEFFICIENTS
7.1 Introduction

The difference between the mechanical losses obtained from the model for constant
values of the friction coefficients and the measured results, as described in Chapter 2,

can be ascribed to:

a) The conditions of lubrication between the contact surfaces.

b) The solid body assumption used to describe the forces acting at the contact
interfaces.

In section 6.0 it was shown that the possibility of hydrodynamic lubrication in the
slipper bearing at speeds lower than 50 fev/min is unlikely. In the the con rod bearing
the possibility of hydrodynamic lubrication is dependent on the level of distortion of the
components. However, even when severe distortion is assumed, it was shown in section
6.0 that hydrodynamic lubrication is unlikely.

In this section the model is used to show how variations in the friction coefficients can
produce a similar variation of the losses as those obtained from the tests. As there are
three different coefficients to consider the analysis is far from exact, particular in view

of the limiting assumptions that are implicit in the model.

7.2 The Effect of Velocity and Lubrication on Friction

In the work by Ezato and Ikeya® the friction force between the piston and cylinder of an
axial piston swashplate pump was measﬁred using a special purpose test rig. Their
results obtained friction coefficients that varied between 0.3 and 0.1 over a speed range
of 0.3 to 6 rev/min. At the low speed condition the friction coefficient increased from
0.09 to 0.3 as the piston moved out of the cylinder bore with increasing shaft angle.
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The paper by Causemannl!# gave results for the piston friction in a radial piston motor
using a special purpose test rig. This indicated values of the friction coefficient that
were in the region of 0.09 at 6.5 rev/min falling to 0.06 at 50 rev/min. In the axial
piston units the piston is in bending due to the side load from the action of the slipper
against the swashplate. This increases as the piston moves out of the cylinder.

In the radial piston motor there is a bending moment only when the con rod bearing
centre moves out of the cylinder bere and in some designs this situation never arises
thus minimising the forces on the piston. However the length to diameter ratio of the
piston is smaller by a factor of around 3 or 4:1 in the radial units. The use of piston
seals in radial motors also allows the piston to cylinder clearance to be increased. Both
of these factors would, in general, create an increase in the friction in this sliding joint.

The experimental work by Kobayashi? et al obtained values for the static friction
coefficient for the piston to slipper ball joint in an axial piston machine. These ranged
between 0.65 and 0.3 for inlet pressures of 20 bar to 130 bar. The materials used were
a high strength steel ball with a slipper cup bearing of high strength brass.

At 3.4 rev/min the velocities of the contacting surfaces are extremely small. For the con
rod bearing the velocity ranges from 1.6x10-3ms-1 at TDC to zero at 900 shaft angle
whilst for the slipper these velocities are 0.037 and 0.02 ms-1. If the con rod bearing
becomes dry the friction coefficient can increase to around 0.7. For the slipper,
completely dry conditions would not be expected and the maximum values of the
friction coefficients would be likely to be of the order of 0.3 to 0.4.

The work by Rabinowicz23 on the dependence of the kinetic friction coefficient on
previous sliding history, showed wide variations in its value at very low speeds of
contact. The values are also strongly dependent on the degree of prevailing lubrication.
For steel on steel the coefficients range between 0.05 for perfect lubrication and 0.7 for
unlubricated surfaces at a veiocity of 10-5ms-1. At 10-3ms-1 these values change to 0.1
and 0.6 respectively.

An irnportarit feature was the dependence of the coefficient on the previous history of
velocity with time particularly with reference to the distance travelled. Rabinowicz
showed that the coefficient changes gradually and only after a sliding distance of the
order of 10-5Sm. The static coefficient can, in fact, maintain its initial value unchanged
for the first 2x10-6m.
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This effect is demonstrated by the stick slip motion that was shown by the tests at 3.4
rev/min (Chapter 3) but which was not apparent at 9.2 rev/min. The effect of pressure
rise rate during the locked shaft test (Chapter 3) also demonstrates this phenomena by

causing larger rotational movements as the pressure rise rate is increased.

7.3 Variable Friction Coefficients
7.3.1 The Model Results for the 3.4 rev/min condition

The results from the model using constant values of the friction coefficients for the 3.4
rev/min case shown in Fig 5 Chapter 2 were principally at variance with the measured
results in particular ranges of the shaft rotation. '

For the analysis discussed in 5.1, with direct contact between the con rod bearing
components at 100 bar supply pressure, the peak radial stress would be 880 bar in the
centre for the contact zone. The resulting pressure distribution would be impressed on
any fluid present in the bearing film. The bearing takes 1s to rotate through the shaft
angle range of 800 to 1000 when the con rod angle changes by only +- 0.20. It is likely
that the film in this region is extremely thin. The amount of fluid that is both retained
in the film and brought in during small movements of the bearing will, to a large extent,
depend on the lubricity of the fluid. The process will also be influenced by any squeeze
film effects.

The variation in the friction coefficients shown in Fig 8 was baséd on a general increase
over the one half revolution cycle with fg > 0.147 in the cylinder at 900. This causes the
piston to be tilted in the cylinder bore as described in 8.2 Chapter 2. The piston then
experiences full rotation in the two regions of F} = O followed by F = 0. This also
causes the reduction in the losses at 180 motor shaft angle, shown in Fig 9, when

piston rotation commences with F) = 0.

The reduction in the frictional coefficients between 1300 and 1800 was found to be
necessary to establish the magnitude of the torque step at 360 motor shaft angle. This
depends entirely on the values of the friction coefficients that relate to the cylinder for
which the shaft angle is 1800 when the motor shaft angle is 360. A reduction in the
value of fp is felt to be realistic if it can be accepted that the introduction of fresh fluid
into the con rod bearing will sufficiently improve the conditions between the surfaces.
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The results from the model, shown in Fig 9, provide particularly good agreement in the
range of 150 to 300 shaft angle. The model shows that, in this region, rotation of the
piston in its clearance with the cylinder occurs which causes the reduction in the losses
between 180 and 250,

The results displayed in Figs 5 Chapter 3 show small variations in the measured cyclic
fluctuations in motor torque. These variations will be caused by differences in
component dimensions, clearances, surface roughness and so on. In particular the
torque loss would be expected to increase when a piston is pressurised at each cyclic
interval of 720 as predicted by the model. The measured results do not show this which
is probably due to overlap in the distributor valve.

At the TDC position, the initial film thickness would have been relatively large as the
piston had been under only 2 to 3 bar pressure immediately prior to this position. The
rotational movement to 100, which takes 0.5s, will be associated with a squeeze film
effect in all three of the bearing surfaces. The model was altered slightly, as shown by
the dotted lines in Fig 8, to reflect this situation which has caused a reduction in the
mechanical loss of 0.007 (0.7%) at 00 shaft angle as shown in Fig 9.

The purpose of the analysis has been to obtain a model that is a realistic representation
of the motor under given conditions. This can then be used for design purposes in
order to examine the effect of changes to various parameters or improvements in the
design principles used in the motor. The values of the friction coefficients shown in Fig
8 are probably higher than might have been presumed in the absence of a suitable
model. These are shown in section 7.3.3 to have a significant effect on the forces acting

in the motor components.
7.3.2 The Model Result for the 9.2 rev/min condition

The measured losses at 9.2 rev/min shown in Fig 9 are generally similar in shape to
those of 3.4 rev/min for shaft angles abov_e 360, However in the range 00 to 360 the
increase is smoother and the magnitude of the step at 360 is reduced. Here the general
level of the frictional losses has obviously reduced but this has been accompanied by
the absence of piston rotational movements after 180 shaft angle.
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Fig 8 shows the reduced level of the friction coefficients and the overall shape assumed
for the analysis. The maximum value for fg at 0.19 is considered realistic. Here the
shaft takes 0.18s to rotate through 100. For 100 either side of the stationary point at
900 the elapsed time is probably still significant in terms of the squeeze film effect.
However, the value of fg at 900 is such that the piston is kept against the cylinder wall
and piston rotation does not occur.

Torque variations from cycle to cycle are noticeable in the test results of Fig 6 Chapter
3. For the single cycle i'ecording in Fig 4, Chapter 3, the torque at 720 shaft angle is
lower than it is at 00 shaft angle. The measured difference represents a higher
mechanical loss of 0.014 (1.4%). This level of variation is significant representing, for
example, the effect of a change in the coefficients fg or fc of around 0.05.

7.3.3 Motor Parameters

The variation of the piston forces for an individual cylinder during the pressure cycle of
one half of a shaft revolution is shown in Fig 10 together with the values for the original

constant coefficient model shown for comparison.

The increasing values of the friction coefficients which, as seen from Fig 8, are lower at
the start of the cycle than in the constant coefficient model, cause the piston forces to
gradually increase with rotation of the shaft. These forces eventually reach significantly
higher values in the region 900 to 1809.

In particular, the changes in the range of 900 to 1000 shaft angle reflect the rotational
movement of the piston. As described in Chapter 2, the value of fg is such that the
piston is always tilted in the cylinder bore which creates the fluctuations in torque and
mechanical losses in this region. Thus at 900 shaft angle, F; falls to zero as the piston
rotates in the reverse direction. When the piston becomes flat against the cylinder wall
at 960 shaft angle, F; becomes zero and the piston pivots about its lower edge when 1O
increases. On the completion of the piston rotation both F; and F, increase to
maximum values that are 33% and 44% greater than the values predicted by the
constant coefficient model.
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The sum of the piston forces has a maximum value of 0.77 which creates a mechanical
loss of 7.7%. These large changes in the piston forces are partly responsible for the
changes in the hydraulic slipper pressure ratio P, which ranges from 0.73 to 0.875 as
shown in Fig 13.

The effect of the higher values of the friction coefficients has caused a 43% increase in
the slipper contact force ( see Fig 14 ) at 1300 shaft angle. The variation of the contact
force is associated with the changes in the slipper contact angle and the slipper pocket
pressure ratio shown in Figs 12 and 13.

A comparison of Fig 9 with Fig 16 of Chapter 2 shows that the motor mechanical losses
predicted by the two models are the same in the shaft angle range 0 < 8 < 900, However
the individual losses in each of the three cylinders that are operating in this region are
substantially different as is shown in Fig 11. These reflect the effect of the changing
frictional conditions in the sliding surfaces which are mainly a result of those that

occur in the con rod bearing,

8.0 CONCLUSION

This Chapter has attempted to show that, even for .speeds up to 50 rev/min or more,
the sliding components in the motor are probably under conditions of boundary
lubrication. These surfaces experience velocities that vary cyclically. In particular, the
velocity in the con rod bearing falls to zero half way through the cycle.

Static friction coefficients vary considerably with velocity and the level of lubrication. In
the motor, squeeze film effects are shown to be capable of having an influence on the
lubricating mechanism even at speeds down to 3 rev/min. For speeds lower than this,
as was described in Chapter 3, the mechanical efficiency of the motor was shown
momentarily to fall almost to zero. This was considered to be the result of the bearings
being statically loaded for periods of time that were appreciably greater than that of the '
squeeze film process, thus creating excessively high values of the friction coefficients.
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As was shown in section 4.0, the rate at which component surfaces approach each
other during the squeeze film process is very sensitive to the presence of non
parallelism between the surfaces. In the con rod bearing, the high unit loading creates
relatively large distortions which cause the surfaces to be conformal in the region of
contact. This ensures that the surfaces are absolutely parallel and the area of contact,
although relatively small, is still sufficient to create a significant squeeze film effect

between the components.

The thickness of the film can be of the same order as that of the component surface
finishes, in which case, it is possible for the squeeze film process to last for periods of
time that are significant, even at low speeds.

The effectiveness of the squeeze film process will be considerably influenced by the
properties of the fluid. For fluids of low lubricity that also have no piezo viscous
properties, the squeeze film process will last for much shorter periods of time. These
times may be smaller than those required even for operation at the speeds of 50 to 100
rev/min that are typical of the levels used for endurance testing by the coal industry for
60/40 water based fluids. It is in this type of application that the con rod bearing
experiences problems of insufficient life which, as was described in Chapter 3, was
improved considerably by the use of a phosphor bronze bearing in the piston.

For the slipper and piston bearing faces, the much lower unit loadings will not create
such high levels of surface parallelism as in the con rod bearing. As a consequence,

therefore, these are not likely to experience the same benefit from squeeze films.

The values of the friction coefficients in the model generally fall in the range of those
obtained by the various researchers cited. As described in 7.3.1, the variation of fg at
3.4 rev/min was based on that which caused the piston to be tilted in the cylinder bore
when its shaft angle had reached 900. The agreement with the measured results could
have been improved if fg had been assumed to increase to higher values in the shaft
angle range of 1000 to 1300.

However, the variations of all three coefficients were chosen in order to obtain the best
overall fit with the measured losses for the particular motor under the given operating
conditions. More detailed test methods would be required in order to establish these

changes more accurately.
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Despite these limitations the results from the model are considered to be accurate at a
level that would enable it to be applied to examine methods for improving the design
and performance of the motor. It can also be used to determine how the performance is
affected by variations in component dimensions, surface finish, clearances and so on.
Chapter 5 will be concerned with such applications and the use of the model for

forming the basis of an alternative operating principle in a radial piston motor.
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APPENDIX 1

Squeeze film effects of a spherical bearing

This analysis considers the effect of the squeeze film between a sphere and a spherical
cup whose radius is slightly greater than that of the sphere. The diagram shows the
centre of the cup ( O2 ) to be offset to one side of the sphere centreline. Contact
therefore occurs at an angle (Cto the vertical which is determined by the amount of
offset and the difference in the sphere and cup radii. With the cup displaced vertically a

distance hi above the sphere it is necessary to establish the variation in h with the
angle @ from the contact line.

Point 0
CUP CONTACT
0'/K =0

SPHEftE &

From the cosine rule:

(Rb+h)2=RB +2Rbh + h2=e¢2+ R2cosp
for h2and e2~0

..(r* - Rg) =(Rc- Rg)(Rct+ Rg)=2CR =2Rh +2eR cos P

/.h =c - ecos .

P (i)
Consider the cup to be displaced a distance 'hi’ vertically up from the ball along the
vertical centreline.

Now hj=c - ecospc

¢ - h.
e = 1
Cos pc

and from equation (1)

|
h = _ .
c cosR cos P

h_c(cospc- cosP) +h cosp

Ccos pc
P 2)
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d
Now consider the cup to be moving towards the ball with velocity - E’:l . For the

conditions where the pressure at rp is the supply pressure Ps, the pressure in the
clearance will increase to a maximum of Ppat r=rm and in his region the squeeze
flow will be radially inwards.

Neglecting compressibility effects, the flow displaced radially inwards at radius 'r’
will be given by:

dh,
_ 2 _ 21
2n(r-r )dt @)

This flow will be equal to the viscous flow throagh the incremental distance Rgdff at
clearance 'h' which is given by:-

-2nh 3rdp
12 uR Bdﬁ ()

where dp is negative.

Putting equation (3) equal to equation (4) yields:

dh 3

2 _ 1 _ _h'r dp

(rm r2) dt 12 u'RB dp )
Now r= RB Sin(ﬁc - ﬁ)

and so rZ, - r2= Ry(sin?( B. - Bm) - sin(Bc - B)) ()

We have from equation (2) h as a function of § and consequently substituting this
and equation (6) into-equation (5) and rearranging terms gives:

RZ (Sin2( :Bc - ﬂm) - Sinz( ﬂc - ﬁ))lzﬂcosa ﬂc dh]

g L=
sin(B, - B)(c (cos B. - cos B) + h, cos B) (7)
dh,
The solution of this equation, for a given value of rTek requires the integration of

the LHS between the limits of 8, and o and the RHS between the limits of Py, and Ps.

The complete solution of the problem can be achieved by obtaining a similar

equation for the outward flow r> r; . Expressing both of these equations in terms
d

of the maximum pressure Pp will give -E?-as a function of r;,. Equating the

separating force, which is j2 zprdr, with that acting on the piston cup, will then
d

determine the value of r;; that applies to the situation and the closing rate ?ifti .
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APPENDIX I

ueeze film eff n an annular ring an flat surf:

1.0 f ially reducing clearan

H, 0
p=0 P=tm
AN M SN AN L LA N SRR RN '
H,- H,
Clearance h = H + ary- r)and a= ﬁ-

~h=H;,-ar

where H.= H,+ ar,

For this situation for the maximum pressure P, > P, which occurs at radius rm

where -(;% =0, the flow will be radially inward from rp to ro.

Thus for this inner ring:

dh _ _h° dp
—7r(r,2n—-r2)5= 2 r —

12 u dr
dp . dh
where d—ris positive and a
dp dn (ra-r?) __g,dh (rn—7?)
ngm=-Bp St =g
dr dt rh r (Hc - ar)

For p=Pnatr

I'm

and p=P;atr=r

]

dh (" (r&-r%)dr

Wp-Pp=—6u=—- 3
dt 'mr(H. - ar)

(1)

: dp
For the outer ring, the flow is radially outward when dr s negative.
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3
—x(r2_r2ydh ___h dp.
(- re) e = 127%™ ar

hence p=0Oatr=r;

and p=Ppatr=rm

r _ r2
ip - PnbuLf (rh = ridr.
mr(H,_.—ar) )

We need to solve for P, and r;; which can be done by integrating equations (1) and (2)
between the limits rg and riy and rj and iy, respectively.

"o (r2, - r?)dr
Thus P, =6u3L (—-—r)—§+ P, (3)
"'mr(H;- ar)
—gydh
—Sudtl +P (@)
m - r2)d
Also P, =6ud0 (i rP)dr (5)
'mr(H,- ar)
dh
=6 o ©)

Equations (4) and (6) give:

P

—dn
Suar

I =

o~ 1

I

(7)

dh
Thus a given value of ;- will determine the value of rm from equation (7) which can

then be used in either equation (4) or (6) to obtain the value of Py, and the pressure
distribution from equations (1) and (2).

J' (r2 - r¥dr

The integral 3
'mr (H, - ar)
r T?ndr r rdr
= r(H, - ar) m(H.- ar)
= h - b

put y=H,-ar

Hc—y

~dy =-adr and r = a

* For I using the Heavyside expansion method gives:
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1 = a L; 1 FRD S SN .
2 3
r(H,-ar)’ (He-y)® (HXH.-y) Hey® HIy*> H.y

L.(H, - l
and Il=—r?n'[4‘dy—3=_r’2n_ n(He y)_ 1 - : + n!;'
(He-y)ya H, 2H.y®* H;y H,
2 | Lnar 1 1 l.(H.-ar)
=Tmn 3 + 3 + H2 _ Hs
HC 2(Hc - ar) H, c(Hc - ar) ¢ 8
and for I
| rdr - (He-y)
(H, - ar)’ Ly’
1 H 1
a?|2y? Y
_af_ He _ 1
a®| o(H, - ar)? (He-ar)
=_1_'_zaf_-11c__}
2 2
a’|2(H,-ar) ©)
Inserting the limits into equations (8) and (9) gives:
r (g -r?)dr _ r?nl r (Hc_ armJ+ ro 1 1
'm(H.—-ar)r H? "Tm\ H,-ar 2H, (H, - ar)2 (H, - ar. )
+ T 1 B 1 }
2 \H.-ar)  (H -ar,)
{Za(r?nr - rar?) + H(r? - ri)}
- . .
2(H, - ar) (H, - arp) (10)

Using equation (7) to obtain rip as a f (dh /dt) it is necessary to obtain the integrals
Io and Ifrom equation 10 where r is replaced by ro for It and rj for Ip.

Thus Ip - I1is gh}en by:-

L E(HC aro]+ ra (1 _ 1 ,Im 1 1 }
Hf "To| H, - ar, ZH"L(HC _ ar1)2 (H. - ar0)2 Hfl(Hc -ar)) (H.- ary)
{2a(r?nr1 - rmrf) + Hc(rl2 - T%,) 2a(r,2,,r0 - rmrg) + Hc(rg - rﬁ,)}
B 2 2 - 2 2
2(H,- ar,) (HC - arl) 2(H, - ar,) (Hc - aro) (11)
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P
which is equal to dh
rar
2.0 Parallel Gap
For a parallel gap the value of 'a' is zero.
Therefore Hc.= Hy=h
and equations (7) and (11) give:

3udh P

) )

1 dh
Thus for a parallel gap and a given value of Pg, the value of —3 18 dt =1 is associated with

a unique value of rpy, regardless of the value of the clearance h. For the tapered
clearance this is not so because the value of the clearance is not explicit in equation
(11).

Thus with a = 0, we get from equation (4).

2
3 To r
e RN

(13)
and from equation (6)
2
3 r r
pom 2o (1) (1)
3.0 Force on the plate for parallel gap
31 ForIm2T 2T,
From equations (1) and (13) we have:
2
3 r 2
p=P,+ hg(cilttl ?,,{21 (FE') +1 2lnrr— +(Fr——) - 1}
m m m
2
3HU dh o r \? To
= Ps +?Erﬁ, 20, N +(-f:) - T’: | (15)

rm
Force F, =2xn fr prdr

2
now Jrlnrdr = -r2—lnr - J-r-—-rldr =L
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4 4
6 r r 3r
~F, = nPs(r%,— rg) - ”“‘ﬂ(r:‘ln(r—m-)— 2 4"‘ + rgri]

3.2 For {27 2T
From equation (2) and (14) we have:
3 nY 2
- ftratonlrr)- () - (5] - -20()
34 dh { (r 2 (Y
2 1 r
o) (2] (7)
pedat ™ T T Tm (17)
rl
Now F, =2x jr prdr
which from (17) gives:
67rudh[ 'm ™1 3 j
F_ = Gllipsy m_ 1 _2pd 22
07 L3 dt n 4 4™ 1'm (18)

Total separating force is:
F.=F +F,

4.0 1 with ially increasing clearance

h=Ho+ar
"Ho=Hi=at,

_p:o . Iw p- A H, !
ASS NSNS VRN NN SR
: =

>

Here the radially increasing gap is immediately outside the radially reducing gap
described in 1.0 wherer.=7, and p=P, at r =r..

For the boundary conditions, equations (2) and (5) give:

=gpdh = dh
Pm—GudtIl+Ps PC+6udt o (19)

Here I, is obtained by replacing 'r with 'r¢' in equation (10)

The outward flow from radius re for p=0 at r=r; gives from equation 2:

dh (" (rh - r?dr

P_=6u—
¢ dt 7, r(Hy +ar)
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P, = 6u‘;—’tIID

or (20)
Thus equations (19) and (20) give:
Gﬂ.d_’l = P—s
ac (I +1, - 1)) (21)
Thus for given values of r;; and Hj the corresponding value of u%—’:— can be obtained
from equation (21).
I "?nl {rl[HD"a"cﬂ T 1 1
Here = =3l 7 + "~
D= 2 T\ Hp+ary )" 2H, |{H, + ar)* (H, + ar.)*
. r%.{ 1 1 }
2| (Hp+an)  (Hp+ar,)
2a(rr -r.r2) + Hy(r2-r2)
+
2 2
2(Hp + any) (Hp +ar) (22)
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CHAPTER 5

THE INFLUENCE OF THE MOTOR DESIGN ON PERFORMANCE

1.0 INTRODUCTION

It has been shown in Chapter 4 that the model of the motor generally provides a good
prediction of the motor performance on the basis of assumed variations in the friction
coefficients. In this chapter the model is used to explore the effect of changes to various
design parameters and, particularly, those that result in improvements to the
performance. Following a discussion on some developments in HTLS motors the model
is then extended to evaluate an alternative design proposed by the author.

2.0 SENSITIVITY OF THE DESIGN TO PARAMETER VARIATIONS

In Chapter 2 it was demonstrated that the efficiency of the motor was strongly affected
by the value of e.. From a design point of view distortion of the slipper should be
minimised and the face radius machined to within 25um of that of the eccentric. For
the motor in question there is, unfortunately, no scope to reduce the distortion of the

slipper without increasing the overall size of the motor.
Other parameters that can be varied include:

a) The con rod bearing contact angle.

b) The slipper feed orifice diameter.

c) The effective slipper area.
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d) The con rod bearing friction coefficient.

2.1 Con rod bearing contact angle

The force normal to the con rod bearing surface will be dependent on the contact angle
in the bearing, the force reducing as the angle is reduced. However, the hydrostatic
force on the piston above the bearing also reduces with the angle.

The simulated effect of this angle on losses is shown in Fig 1; there is a reduction in the
losses of around 0.5% for 50 either side of 450. From the wear and distortion viewpoint
450 was probably chosen as an optimum angle. These changes in angle lie within the
band of manufacturing tolerances for the two components of the bearing.

2.2 Slipper feed orifice diameter

The size of the slipper feed orifice was normally standardised at 0.57 mm although in
special situations it was altered in order to obtain improvements in motor starting
torque. As was described in Chapter 3 this was not always a success, particularly when
using water based fluids.

The simulated results in Fig 2 show the effect of the feed restrictor on motor
performance at a shaft angle of 100. The trend is to reduce the mechanical losses with
increasing size of the restrictor, although this reduction does appear to depend on the

values of the friction coefficients.

As can also be seen from Fig 2 the effect on leakage, which is an important operational
factor, is quite marked. For this reason, the standard size of the restrictor was
increased in dual displacement motors to provide improved cooling of the slipper at
increased operating speeds.

2.3 Slipper effective area

The design philosophy originally adopted in the Staffa motor was based on using a
slipper effective area greater than that of the piston. This would be expected to
minimise the contact force between the slipper and the eccentric and thus maximise the
mechanical efficiency.
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In most other motors of the eccentric type, the effective area of the slipper is , as far as
is known to the author, smaller than that of the piston. Reducing the slipper area in
the model has the effect on the losses shown in Fig 3(a). For both the standard and
reduced areas the mechanical loss varies strongly with the value of e; but, at low values
of e, the effect of changing the area is small. The major advantage is the reduction in
leakage that is obtained as shown in Fig 3(b) which is due tc the compensating effect of
the feed restrictor.

The reduced effect of the area on the loss arises because, for low values of e, the
slipper contact angle moves to the value limited to that of the maximum slipper arc
when B = By,. The slipper pressure is then adjusted by the action of the slipper tilting
slightly about the outer edge in contact with the eccentric in the manner discussed in
Chapter 2.

Fe

QLIPPER TILT

As shown in the diagram, this will occur if the contact force (F¢j) required for radial
equilibrium at B, is less than that required for rotation of the con rod (Fc3). If the
slipper area is too small the contact force that satisfies both requirements will occur at
angles less than B, (as indicated in the diagram).

As the area is reduced, the required slipper pressure is increased but, for the situations
where B = By, the hydrostatic pressure force will be unchanged. This is because the
contact force (Fc3) needs to be the same, as depicted by Fcsa on the previous diagram;
the action of the slipper tilting causing Fc) to increase to the level of Fc3a.

162



The variation of F, with ec is shown in Fig 3(c) for two of the cylinders at a motor shaft
angle of 100 where it can be seen that for the cylinder at 109, Fg; is less than that for
the reduced area. This is because for this cylinder B < B,,. At 820 shaft angle however,

B =PBm when ec = 25um, and the values of F, for the two areas are the same.

The variation in the forces Fc1, and Fc3 with B; are shown in Fig 4(a) for ec values of 25
and 127pm. For 127um the higher value of F; is caused by the low slipper pressure
ratio, P, as shown in Fig 4(b). For 25um the slipper pressure is almost equal to the
motor supply pressure which results in F¢; being less than Fc3 when B = B, as in Fig
4(a). The effect on P; and F¢; when the slipper is tilting is shown in Fig 4(c).

The reduced slipper area of 4700 mm?2 represents a nominal net clamping force on the
slipper of around 5% of that of the piston. However a nominal clamping force of 5% has

resulted in a contact force of 7.8%

In some designs the nominal clamping force can be as high as 10% or 15% of that of
the piston. From the foregoing it is evident that care has to be taken to determine the
force at the contact condition as this could increase to unacceptable levels. It is also
important that ec is maintained at less than the maximum value that is consistent with
minimising the contact force.

2.4 Con rod bearing friction coefficient

The simulated results of Chapter 4 show that the con rod bearing experiences the
highest frictional coefficient. As was explained this would be expected because of the
high unit loading at the bearing contact.

From a design viewpoint, any changes that could improve the situation of this bearing
would result in a worthwhile improvement in the motor performance. The significance
of this coefficient is demonstrated in Fig 5 which shows the reduction in the mechanical
loss when compared with the standard variable_coeﬁ’icient model developed in Chapter
4. Thus modifications to the con rod bearing that effectively reduce the level of friction
have the potential of providing considerable improvements to the motor efficiency.
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2.5 Modified con rod

The effect of friction in the con rod bearing on the motor performance can be reduced if
the bearing diameter is reduced. The materials used in the current motor for the piston
and the con rod do not provide an ideal combination for this bearing. This was
demonstrated by the improved life obtained from the phosphor bronze piston cup insert
reported in Chapter 3. Some limited tests were carried out with con rods of aluminium
bronze which gave favourable results. In the motor manufactured by the German
company, Jahns, shown in Fig 6, this bearing is of aluminium bronze against steel and
has a relatively smaller diameter than that of the Staffa motor.

An additional advantage obtained from reducing the bearing diameter is the possibility
of relocating the bearing centre radially outwards. This will result in reduced piston
forces at extended piston positions. This modification, shown in Fig 7, also avoids the
condition that occurs in the standard motor of the bearing centre extending from the
cylinder ( i.e. length Lg is always positive).

2.5.1 Mechanical losses

The modified con rod has a significant effect on the mechanical losses obtained from the
model, shown in Fig 8 (a), which are reduced by between 2 and 3% (an improvement of
20 to 30%) over the major part of the cycle for operation at maximum displacement.

The region of the piston rotating in its clearance space, following 180 shaft angle, is
reduced because of the increased piston length. This also causes the piston to be forced
against the cylinder wall because of the increased moment created by the side force Fr
about the inner cylinder opening.

As was seen from the measured results, operation at reduced motor displacement is
associated with reduced mechanical efficiency. The magnitude of this reduction is
strongly dependent on the speed of rotation. The losses obtained from the model at the
low displacement with the same frictional coefficients as were used for the maximum
displacement, are shown in Fig 8 (b). As can be seen, on comparison with Fig 8(a), this
change of displacement has caused the losses to increase by between 0.10 and 0.15.

164



This change is similar to that of the measured results although the frictional conditions
at the low displacement, particularly in the con rod bearing and the piston to cylinder
interface, may well be different. At the lower displacement the con rod bearing rotates
through a smaller angle and at lower rotational velocities. Also the piston moves
through a smaller distance and the associated lower velocity could well increase the
frictional resistance.

The position of the piston midway in its stroke, which occurs at €00 shaft angle, is
virtually unaffected by the motor displacement. Thus, as the displacement is reduced,
the radial distance of the piston from the eccentric centre for 8 > 900 increases. This
results in the piston emerging a smaller distance from the cylinder bore at 1800 shaft
angle with a consequent reduction in the piston forces and the associated frictional
losses. The losses obtained from the modified con rod at the low motor displacement
condition are 4 to 5% less than for the standard design (representing an improvement of
around 25%). This would provide a considerable benefit in the application of motors of
this type.

In Chapter 3 the measured variation in mechanical efficiency with speed at two different
motor displacements showed that at 30 rev/min the mechanical losses had the same
value. The mean value of the actual motor torque occurs at a shaft angle of
approximately 100, The values of the friction coefficients that predict the same
efficiencies as the measured values at 30 rev/min are shown as follows:

fe /B Maximum Displacement( measured-95.5%)
0.03 0.09 95.4%
0.05 0.07 95.6%

Minimum Displacement{measured-83.5%)
0.07 0.13 83.5%
0.09 0.10 83.7%

For the modified motor the predicted efficiencies with these coefficients would be 96.8%
and 88% respectively. For the low displacement this represents an improvement of
5.4% but more importantly, operation at increased speed may be possible because of
reduced frictional heating of the slipper.
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2.5.2 Piston and slipper forces

The modification to the con rod has a significant effect on the piston forces for shaft
angles greater than 900, This is due to the increasing moment arm created by the
increased length between the con rod bearing centre and the point of application of the
inner piston force F;. As the difference between F) and F; is equal to the side force Fr
acting at the con rod centre, the outer piston force F3 is also reduced. The maximum
reduction of these forces, shown in Fig 9, is in the region of 50% which, aside from the
benefit of reducing the losses, will result in a reduction in wear to the piston and the
cylinder bore.

The slipper contact force, shown in Fig 10, is also reduced but not in the same
proportion as the piston forces. This is because the contact force required for radial
equilibrium is unaffected by the change.

As shown in the preceding diagram, the reduced force required for rotation of the con
rod causes the angle B to reduce from points A to B. If the value of ¢, is small enough
then B would be equal to By, and as a consequence Fc) would reduce proportionally
with the radius, R, of the con rod bearing ( ie from points C to D). However the
reduction in this force, which ranges between 10 and 25%, would, as for the piston,
result in reduced wear and reduced frictional heating of the slipper.

Providing the change in materials of the piston and con rod is such that the smaller
diameter bearing can be utilised without increasing the friction (and wear in this joint),
the reduced levels of the piston and slipper forces could allow the operating pressure of
the motor to be increased by between 10 and 15% »and more if ec can be kept at a
sufficiently small value.
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3.0 SOME ALTERNATIVE MOTOR DESIGN CONCEPTS

Radial piston eccentric motors that employ different types of oscillating joint
mechanisms were discussed in Chapter 1. Each of these concepts have specific
advantages from a combination of parameters that include; size, cost, weight, maximum
pressure, maximum speed, efficiency, the capability of operating with water based and
synthetic fluids and other parameters of lesser importance.

In the UK, the low priority given to R and D investment, has put constraints on the
scope for improvements that the engineer can pursue. With high speed pumps and
motors, R and D has, in general, been able to lead and, to some extent, create its
market. As a result, in recent years, the high speed motor and gearbox unit has, except
in specific areas, replaced low speed high torque (LSHT) units in many applications for
which they had been traditionally the automatic choice.

A consequence of this has been for some LSHT motor manufacturers to search for
methods to reduce the cost of the product. This aim can be in direct conflict with that
of developing the product to obtain increased performance. To pursue higher
performance from the Staffa motor, the scheme shown in Fig 11 was developed. The
intention was to obtain a higher pressure capability by increasing the thickness of the
slipper, the length of the con rod and the thickness of the motor casing. This design
increased the size, weight and cost of the product.

The German company Dusterloh produces a motor in which the con rod bearing is of
the gudgeon pin type. This requires very accurate line boring of the motor case to
obtain the necessary alignment of the shaft bearings. Work by Klie24, in his PhD thesis,
describes how the slipper was designed to obtain minimal distortion of the slipper face.
As a result this motor has a much higher power rating than the Staffa product, as it is
able to operate at maximum pressure at higher speeds. However it has a much higher
cost and therefore tends to find a limited application range.

In contrast to the approach of Fig 11 an alternative scheme, shown in Fig 12 was
developed. Here the emphasis was on reduced cost by the elimination of the cylinder
machining operation in the motor case and the use of cylinder end caps. There is also a
technical advantage in this inverted piston design in that it eliminates the side force
component between the piston and the cylinder. The reduction in friction obtained by
this change would increase the efficiency by around 2 or 3%.
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Kawasaki of Japan, licencees of Staffa, in the pusuit of reduced cost, carried out
extended testing of the design shown in Fig 13. This method is used in the bent axis
pump, manufactured by the Swedish company Volvo, where the piston centre line
moves 20 out of line with the cylinder. In this radial piston motor, the con rod rotates
through an angle of 100 which changes the sealing gap by an amount that would be

considered unacceptable, as shown in the diagram with Fig 13.

Kawasaki obtained a reasonable life of 2000 to 3000 hours at 175 bar with their initial
testing but subsequent tests were unsatisfactory due to apparent small differences in
the sealing material. The author, when with the Staffa organisation, had neither the
finance to manufacture components nor the personnel to perform the necessary project
work. The ability of Kawasaki to test this design is demonstrative of their attitude to R
and D.

The organisation evaluates prototypes on a regular basis which often involves quite
significant changes in approach and accepts that only a percentage will provide the
basis for manufacture. The design offers a 15% saving in overall cost for a 7 cylinder
machine. From a technical viewpoint friction in the con rod bearing is eliminated.
Providing that the side force at the piston to cylinder contact can be satisfactorily
accommodated, there would be a considerable gain in mechanical efficiency.

If the full cylinder pressure acts around the seal periphery, there will be no side force on
the piston. The side force component will therefore be a result of the pressure area
shown hatched in the diagram with Fig 13. In the event that there is a pressure
gradient below the line AA (see Figl3) parallel to the cylinder axis through the centre of
the sphere some of the side force will be carried by contact of the piston with the
cylinder. The theoretical solution of this problem and its successful development would
enable the motor to have a competitive edge in terms of price and reduced overall
diameter.
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4.0 ALTERNATIVE CON ROD BEARING DESIGN

As was shown in 2.4, significant improvements in efficiency are obtained by reducing
the con rod bearing friction coefficient. The mechanical losses obtained from the
standard model with a value of fg = 0.04 are shown in Fig 5 compared with those for
the variable coefficient model. In addition to the benefit of reduced losses at maximum
motor displacement (giving an improvement of up to 70%), it is seen that the losses at
the lower displacement are also lower than those for the standard meoedel at meximum
displacement. Commensurate with this improvement is the reduced torque step at 360

which can cause speed oscillations in some applications when operating at low speeds.

Thus the key to improving the design of this type of motor lies in the utilisation of an
oscillating joint having a reduced unit loading.

4.1 Motors with pressure balanced oscillating bearings
4.1.1 Calzoni motor

In the radial piston motor,because the spherical bearing is inside thg piston,there is
insufficient area to obtain any significant hydrostatic force to separate the components.
In the axial piston machine, the ball joint is outside of the cylinder and consequently it
can be of greater area than the piston.

In the motor manufactured by the Itallan company Calzoni (shown in Fig 9 Chapter 1
and here in Fig 14a), a telescopic cylinder arrangement is used to transmit the pressure
force onto the eccentric. Both the outer bearing and the eccentric have spherical
surfaces and the magnitude of the contact forces can be set by appropriate choice of the
relevant tube diameters (this aspect will be discussed in Section 5).

The spring is used to retain the components when the motor is unpressurised or,
possibly during overrunning when the cylinder pressure is lower than that in the motor
casing. It can be seen that there is a central rod and bush to improve the location of
the two cylinders when they are fully extended.

Calzoni have recently redesigned this motor, shown in Fig 14b, which incorporates the
following changes: : -

a) Elimination of the central rod.
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b) Reversal of the cylinders by h;oving the larger diameter component from the outer to
the inner position. A'

¢) Elimination of the cylinder end caps by splitting the motor case across the radial
section shown in Fig 14b.

Comparision of the Calzoni design with that of Staffa show that there is no piston side
force component. This, together with the significant reduction of the friction in the
oscillating joint, provides a considerable reduction in the mechanical losses. Tests
carried out by Staffa show that the starting and low speed mechanical efficiency are at
least 5% higher than that in the Staffa unit.

The spherical surface on the eccentric allows the slipper to be circular which reduces
manufacturing cost. More importantly, any distortion of the slipper face will be
axisymmetric which could well maintain parallelism of the clearance space. The
consequence of this would be a negligible loss of pressure support giving improved

performance when operating at high speeds and pressures.
4.1.2 Design proposed by the author

In 1982 the author proposed the design shown in Fig 15 which is of a similar concept to
that of Calzoni except that the outer bearing cup is concave instead of convex. The
reasons for using this approach are threefold these being as follows:

a) The upper cylinder can be located at its centre of rotation by a spring loaded pivot.
In contrast to the Calzoni design this spring is not required to flex with every piston
stroke thus reducing the likelihood of fatigue failure.

b) This arrangement simplifies assembly of the motor, it being possible to push the
complete cylinder and cup assembly radially outwards from the centre of the motor

casing.

c) The convex shape allows the inlet port to the cylinder to be accommodated within a
smaller overall diameter of the motor.
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It is an important consideration to maintain the overall diameter and the mounting bolt
pitch circle diameter within the dimensions that pertain to those of other
manufacturers. These dimensions for four different types of motors are shown plotted
against the motor displacement in Fig 16. The dimensions obtained for two
displacements of the proposed design are also shown in this figure and are seen to

follow the general trend.

Fig 16 also has a scale line relating the linear dimension as a function of the one third
power of displacement (D1/3). It is interesting to note that at small displacements the
size of existing motors increases at a lower rate with displacement but above 1250

cm3/rev they fall onto a line varying with Di/3.

The Calzoni motor uses the smallest possible eccentric diameter consistent with
obtaining separation of adjacent slippers around its periphery at their position of

nearest approach.

Motor displacement is obtained from the product of the piston area and the eccentricity.
There are many combinations of these two parameters. To achieve a given
displacement within the constraints of a given overall diameter and peripheral length

around the eccentric requires various design alternatives to be considered.

For the proposed motor, the minimum diameter of the eccentric was limited in order to
allow variable displacement. This limitation is caused by the space required for the
displacement change pistons in the shaft as used, for example, in the Staffa design (see
Fig 11). This constraint produces a piston diameter that is relatively larger and an

eccentricity that is relatively smaller than in the Calzoni design.

There is also a choice of whether to place the larger diameter cylinder component
against the eccentric or the outer bearing cup. Designs were carried out for both of

these alternative arrangements.
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From these arrangements, shown in the diagram, the author found, for all the various
considerations, the alternative (b) to be the most suitable. This is the type used in Fig
15 from it which it can be seen that an acceptable spacing of the slippers around the
eccentric is obtained. It can also be seen that, at the point of maximum extension of
the cylinders, sufficient insertion of the inner cylinder is obtained.

An indication of the way in which the design was originally refined in order to reduce
the overall size is shown in Fig 17 which compares two earlier designs having the same
displacement. This design is virtually identical to that proposed in Fig 15 except that
the outer cup is located in a different manner and has a larger spherical radius. The
reduction in size shown has been obtained by reducing the size of the components and
a reduced insertion length for the two cylinders.

A comparision is shown in Fig 18 of the proposed design with that of a Staffa motor
piston and con rod assembly of similar displacement. The mass of the reciprocating
components for the Staffa design is several times greater than that of the proposed
design. In the Staffa motor the piston force has to be transferred through the con rod
bearing and the con rod in order to apply the hydrostatic slipper pressure force onto the
eccentric. In the dual cylinder method this force transference is avoided by applying a

large proportion of the pressure force directly onto the eccentric.

The German company Pleiger who produce the motor type shown in Fig 6 of Chapter 1
have, in the last two years, launched the new design as shown in Fig 19. This is seen to
use the same outer cup arrangement as in the design proposed by the author, but
interestingly, with the cylinders arranged in reverse order as in the new Calzoni motor
and shown in the arrangement (a) above. This motor uses individual spool valves to
distribute the flow to the cylinders. These valves, located in the cylinder end caps, are
operated by the oscillating motion of the cylinders.

To assess the proposed design an analysis, similar to that developed in Chapter 2, was
used which is described in section 5.0
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5.0 ANALYSIS USED FOR THE PROPOSED DESIGN

The design as proposed in Fig 15 does not have a feed restrictor in the supply to the
hydrostatic slipper. This results in the hydrostatic pressure force, to a large extent,
being unaffected by the contact angle p. The contact force required for radial
equilibrium is therefore only affected by the geometrical relationship of those forces
which are dependent on p. It is assumed that the pressure distribution across the

slipper lands is unaffected by the value of ec, this only affecting the leakage flow.

The method used for obtaining the slipper force, Fci, is identical to that developed in
Chapter 2 Thus, as pi is varied, the value of Fci for equilibrium of the radial forces is
compared with that which is required, Fcs, to overcome the frictional torque for rotation
of the outer cylinder in the outer cup bearing. The equilibrium (or operating) value of Pi
is thus that at which these two forces are equal. The analysis for this situation is
developed in the Appendix which, for 0 < 0 < 90°, gives the following equation for the

force Fci (as shown in the diagram):

FCi- (PAp-Fu-FJ / Q2 E /(L2 -L2)-C) + A)

04
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Here the piston area, Ap is determined by the piston diameter (dJ) and that of the
recess in the slipper (d;). The separating force, Fy, is then determined by the diameter,
ds. F;s is the frictional force created by the piston seal and fp the friction coefficient
between the cylinders. The values of the coefficients A, E and C are all dependent on
the angle B;.

The force required to rotate the cylinder in the bearing cup, Fca, is given by:

Fea=fsRBS1/ (fc (Lc cos B - Rp) + Lcsin By )

The geometry of the bearing cup is shown in the following diagram,

The area, A, resulting from the diameter, ds, and the piston diameter, d., determines
the pressure force on the upper bearing less the frictional forces from the cylinders apd
the piston seal. As in the slipper, the hydrostatic force will depend on the diameter, d,,.
These, together with the spring force,Fk, determine the value of the force Fy . The side
force, Fr, is obtained from the effects of the components of Fc; and f. Fc) resolved
normal to the cylinder axis.

As shown in the Appendix, these can be used to determine the values of the angle, 7,
the bearing reaction force, S;, and hence the value of Fc3.
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The major difference between the design principle used in the Staffa type of motor and
that proposed here lies in the ability to select the areas A; and Ag, which can be much
smaller than that of the piston itself. The areas of the lands of the slipper and the outer
bearing, which are determined by appropriate choice of the diameters, ds and dy, can
be selected to give a level of clamping force that is necessary to maintain contact
between the components.

For shaft angles in the range 900 to 1800 the forces are obtained in a similar manner to
those obtained above except that the outer bearing frictional torque has changed
direction as the angle a is reducing,.

5.1 Dimensional data for the proposed design

Dimensional data for the proposed motor is given as follows:

Cylinder diameter d, =64 mm
Eccentricity Rg = 25mm
Eccentric to cup bearing centre distance Lp =147 mm
Eccentric radius Rp = 66.5 mm
Slipper

Hydrostatic pocket diameter d; = 53.2 mm
Slipper outer diameter dg =72 mm
Datum length of lower cylinder Lo = 86.5 mm

. Quter cup bearing

Bearing cup radius Rg = 45.5 mm
Bearing pocket diameter dy = 53.2 mm

Bearing outer diameter d,, =72 mm
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For the hydrostatic bearings the path lengths are a small proportion of the spherical
circumference. It is therefore assumed that the contact areas are cones having a
constant film thickness. Using the equation for a flat circular plate gives for the

pressure distribution and separating force:
p=P( -log(r/ry) / log{ ro/11))

and Fg=nP((r,2-12)/(21log(ro / 1) - 1i2)

The same dimensions have been used for both bearings hence: rj, m=randrs, ry=T1o
These give Ap and Ag = 0.001 m2

For operation at a pressure of 100 bar the folléwing forces are obtained:

Forces acting on the bearings, F, and Fg = 10000 N

The separating forces, F, and Fp from the equation above are therefore = 8320 N

The net clamping force is therefore = 1680 N This represents 16.8% of the available
force but only 0.52% of the total pressure force on the full piston area (32000 N).

5.2 Model analysis

Using the equations from the Appendix, together with the software methods developed
in Chapter 2, predicted values were obtained for the motor performance. These are
presented in Fig 20 which show the variation of the mechanical efficiency with motor
shaft angle for the pressure force areas ( Ap and Ag ) of 0.001 m2 for an operating
pressure of 100 bar,

A significant feature of Fig 20 is the very high efficiency that is obtained which gives an
almost constant mechanical loss over the cycle. The torque discontinuity at 360 is
almost imperceptible which is, as has been seen, a notable feature of the Staffa design.

This improvement in mechanical efficiency over that of the Staffa design is, to a great
extent, due to the reduction of the frictional torque in the outer cup bearing in relation
to that created in the spherical con rod bearing.
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In the Staffa con rod bearing, the effect of the hydrostatic area between the piston and
the con rod bearing reduces the contact force to approximately 75% of the force from
the piston. In the proposed design the pressure area of 0.001 m2 in the two bearings is
31% of that of the piston (0.0032 m2). The nominal clamping force at 15% of the applied
pressure force, represents only 5% of the total piston force. The net force transferred
across the contact face is therefore only 6.7% of that transferred in the Staffa type of
spherical con rod bearing. The apparent reduction in the frictional torque thus created
has to be offset against the increase in the cup radius in relation to tha: of the con rod
type (about 2:1).

However, the level of clamping force at 100 bar operating pressure, represents a mean
pressure of 8.7 bar in the contact area. The level of this pressure in the con rod
bearing, as was shown in Chapter 4, is of the order of 400 bar at the same operating
pressure.

The effect of this reduction in the mean pressure on the contact conditions would be
expected to result in lower values of the friction coefficient, particularly at low speeds.
In general terms, the frictional torque should, therefore, be reduced by around 90% in
relation to that generated in the con rod spherical bearing.

For a 50% increase in the pressurised areas (A, and Ag), which represents a
considerable increase in the clamping forces, it can be seen from Fig 20 that the
efficiency reduces only by a maximum of 1.2%.

Fig 20 also shows the predicted mechanical efficiency for the motor displacement
reduced in the ratio of 3.6 : 1. This has caused the efficiency to be reduced by 7.0%
compared to a predicted change in the Staffa unit of up to 15%. .

5.3 The levels of the piston and the contact forces

The contact forces, nominally designed to be 15% of the applied force, are slightly less
than this level due to the effect of the friction between the cylinders and in the piston
seal. Thus at 100 bar, when the applied force is 10000 N, the contact force is in the
region of 1350 N which varies by less than 4% over the pressure cycle.
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The piston forces (F| and F») vary considerably over the cycle because of the changing
depth of insertion of the cylinders, as is seen in Fig 21. However, the maximum values
of F1 and F; only represent 2% of the full piston force. For the Staffa motor these forces
were predicted to reach a maximum of around 45% of that from the piston .

It is also seen from Fig 21 that for 8 < 900 the force F) is considerably greater than Fs.
However for 6> 90°, when the cylinder angle a begins to reduce, F, increases to a value
that is slightly greater than that of F;. This is because, for 8 < 900. the frictional force
between the eccentric and the slipper is in the direction to assist rotation of the
cylinders when « increasing. When 6 > 909, the torque created by this friction force
about the outer cup bearing centre is now acting in the same direction as that caused
by the friction in the outer bearing.

Now the side force Fr = F] - Fp = Fca (sin B3 - fccos Bo)

The slipper contact angle necessary to obtain the required torque from the contact force
is such that when 6 > 900, Fca fc cos B2 is slightly greater than Feg sin Bz-_ Hence Fr is
negative which results in F; being greater than Fj.

For 6 < 900, the side force Fr= Fg) (sin B + fc cos B)) which results in F) being greater
than F,. If B is negative, this situation still prevails providing tan p; < fc.

The minimum depth of engagement of the cylindefs when they are fully extended is
critically important. Comparing Figs 15 and 7 shows that the ratio of the engaged
length to the diameter in the proposed design is at least 3 times greater than that in the
Staffa design. The distance of the cup centre from the point of contact between the
cylinders is relatively greater in the proposed design. This, together with the much
reduced level of the bearing frictional torque and the low side force, should avoid
problems of wear in these components.

5.4 OPERATION AT LOW PRESSURE

For operation at low pressure it is necessary to ensure that there is sufficient available
force to overcome friction in the cylinders. The locating spring for the outer cylinder is
selected to provide a force of 150 N but, for the inner cylinder, the only restraint
maintaining contact is obtained by the loose fitting retaining ring (see Fig 15). This
could only be expected to hold the component to within a minimum of 1 mm of the
surface of the eccentric.
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The leakage ﬂo§v through this clearance could be such that insufficient pressure is
generated in the supply. In this event the slipper may not move into contact with the
slipper. At a pressure of 2 bar it is found from the model that there is a net closing
force of 20 N which may be insufficient when operating at high speed. To avoid loss of
contact a feed restrictor could be used as in the Staffa motor which is also used in the
new motor by Pleiger (see Fig 19). The size of this restrictor could be such that it is only
required when this condition arises, with the pressure drop created under normal
conditions being minimal.

The design needs to be evaluated in order to ensure that the levels of distortion do not
create values of ec that result in problems of leakage from the slipper. In this
connection, it is interesting to note that the motor of Jahns (see Fig 6), is designed to
produce zero leakage and, as a consequence, is very successfully used for flow dividing
applications.

The problem of leakage is that, in addition to causing rotational creep when loaded with
blocked ports, the flow varies with the shaft angle. This causes variations in speed
which increase as the speed is reduced. These speed fluctuations can become
particularly noticeable when the motor speed is such that the pulse frequency, which is
related to the number of pistons, is close to the natural frequency of the hydraulic
system.

This aspect was the subject of a paper by the author! which demonstrated the use of
simulation techniques for a study of the problem. The work also showed that
predictions using.linear techniques provided a reasonably accurate assessment of the
situation. @ The speed fluctuations caused by torque ripple and changes in
instantaneous displacement were shown to be of lesser importance. However the
torque discontinuity, as measured in the radial piston motor, can create problems
particularly as most hydraulic systems have low levels of damping.
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High speed low torque motors (HSLT) with speed reducers have a particular advantage
in this situation because of the increased motor speed in relation to the hydraulic
natural frequency. This advantage has to be set against the lower mechanical efficiency
obtained from such drives at low operating speeds when compared with LSHT motors.
In the paper by Clifford25. which compared the efficiency obtained from both these
types of motors. it was shown that, under starting conditions, high speed units with
gear reducers have a mechanical efficiency that is between 10 and 25% less than that of
some low speed motors. At higher speeds this difference reduces to around 10 to 15%.

In order to take advantage of their higher mechanical efficiency at low speed it is
therefore essential that the design of LSHT motors siiould be aimed at reducing the level
of leakage and its variation with shaft angle, together with any discontinuities in the

generated torque.

6.0 OTHER DESIGN APPROACHES

As discussed in Chapter 1 (see Fig 10) the cam type of radial piston motor provides the
lowest torque to weight ratio of all the various types of motors. Of the two types of cam
motors shown in Fig 10 Chapter 1, that which incorporates a single roller between the
piston and the cam track provides a unit that is exceptionally compact.

A cam motor of this type designed by the author, is shown in Fig 22, for which a patent
application was submitted in 1980. It can be seen from Fig 22 that it has a much
smaller diameter that an eccentric type of the same displacement. Motors of this type
are currently being manufactured by Rexroth of Germany and Poclain of France. The
maximum speed of these motors is limited because of the high rotational speed of the
roller. Also, because of the side load conditions on the pistons, the maximum
mechanical efficiency is generally in the range of 85 to 90%.

These motors are usually limited to operating with a single displacement whereas in the
eccentric motors, as shown in Fig 11, variable displacement is possible by changing the
eccentricity.

Displacement control is a useful feature as it allows the motor speed to be increased
without increasing the size of the pump thus reducing the overall system cost.
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In axial piston swash plate motors the swash plate is not a rotating component and, as
a consequence, the control of its position can be facilitated. In eccentric motors,
because the eccentric rotates, control of its position is difficult to achieve. However
closed loop control of either the supply pressure (at constant flow - which gives a
constant power characteristic), or the speed can be performed. These are a desirable

features in some applications.

The author developed a pressure control, a dynamic analysis of which was presented in
a paperl13 in 1981. The incorporation of the hydromechanical control onto the motor is
shown in Fig 23 which responded to changes in load as shown in the figure. The
application in this case was a ship winch that required a low loop gain in order to
provide an adequate stability margin for the control system.

The limits imposed by the performance of the slipper placed a restriction on the speed
range that could be used for this control and, consequently, the maximum power
rating. Developments to improve this situation would thus increase the available power

and improve the versatility of the controller and its range of application.

The stability aspect appears generally to require a low value of the gain. The valve
shown in Fig 23 was thus designed to suit as wide a range of applications as possible.
With the introduction of integrated electronics it is now possible to incorporate
proportional type valves that also allow speed governing to be performed by controlling

the motor displacement.

7.0 CONCLUSION

This Chapter has been concerned with applying the analytical method for assessing the
affects of various parameter changes on the motor performance. In particular it is
noted that the benefit of reduced leakage can be obtained from reducing the slipper
area providing that a small value of ec is maintained. To achieve this, account has to
be taken of both the method of manufacturing the components, and their structural
rigidity.

The analysis has also shown that modifying the piston and con rod can reduce the
mechanical losses by up to 20% and 25% respectively at maximum and minimum
displacement. The general reduction in the level of the forces experienced by the
components could enable the rating of the motor to be increased by up to 15% and
possibly more if the value of ec can be kept to a minimal level.
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"’_I.‘he incorporation of a slipper having reduced area with the modified con rod provides

benefit of reduced leakage without any loss of motor efficiency.

A design proposed by the author shows a predicted mechanical efficiency that is up to
9% greater than that of the Staffa design for the same frictional conditions. When the
displacement is reduced by a factor of 3.6 : 1 the mechanical efficiency reduces by
7.0%. In the Staffa motor this change was of the order of 15%. In applications where
smooth operation at low speeds is required this approach would provide a motor that
could compete effectively with HSLT drives. If the motor speed can be increased above
current levels LSHT motors with single ratio gear reducers would be able to compete in

some applications that are now dominated by HSLT drive systems.
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Fig 12 Motor design for reduced cost
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Fig 15 Proposed motor design
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Fig 22 Design of cam motor
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Appendix

For the geometry shown in Fig.1

. -1[ R, sin 9)
ag=tan™| ——————
L, - Rgcos 8 (1)
=(LD - R, cos 0)_ L
cos 6 0 2)
For0< 8<90°
lipper and piston for
The forces for this situation are shown in Fig.2.
F, - F,=(fccos B, +sinB)F,
= CF¢, {3)
Taking moments about O4
Cfpd.
F(L,-L)+—5—=F, (L sin B, + fcLcos B,)
RD
where L_=1L - (4)
5 cos B,
~Fi(Ly - Ly) =[E ) c1 (5)
Thus from equations (3) and (5)
F,=F - CF, (6)

For the dimensions shown in Fig.3

(.2 2
Ap= Z(dc -4 )
For the supply pressure P the net force on the slipper piston is PAp less the piston

friction fp(F} + Fy) and seal friction Fs. The slipper area provides an opposing force
Fy, together with the normal component of Fcj.

~PAp - fp(F, + F,) - Fs = F, + F (cos B, - f.sin B))

putting A = cos B, — fcsin B and substituting for F1 and F» gives:-

PA, - F, - F,
F_ .=

Cc1 f.d
2E p_c

f[ —c[1+ ]]A
pL2_Ll L2—Ll

(7)
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Upper bearing forces

For the conditions shown in Fig.4, the values of the contact force S; and the
angle ycan be determined as follows:

FN
Thus S, = (8)
1 cosy+ fysiny
F
also 1= T __ (9)
siny - fycosy
F.f.+F
These give tany = T’ﬂ—B—F—_—fE (10)
N /B

Now from equation (3) F.=F - F,= CF_,

From Fig.4 the area A, = —Z—(df - d22)

The net force maintaining the cylinder against the upper bearing is given by:
Fy=PAp-F, - Fs - fp(F,+ F,)+ Fy

where: F,, is the hydrostatic force in the bearing,

F is the force from the cylinder retaining spring

The angle ycan be determined from equation 10.

The moment generated by the slipper contact force that is required to overcome the
friction in the upper bearing can be obtained from the geometry of Fig.2.

This force, Fc3 is given by:

F - fBRle
€3 (fe(Lccos B,— Rp) + L.sin ) (11)

For 90° <8 < 180°
Slipper and piston forces

The slipper and piston forces are obtained in the same way as those for g < 90° and
are shown in Fig.5.

Thus:

F - F,=(sin B, - fccos Bz)FC ,= DF., (12)

JF., DF,fpd.

Fl: L,-L B 2(L2 - Ll)
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F,=F,- DF,, (13)
where J = Lsin f,- fcL cos 3,
and L, is as given in equation (4)
PA,-F,-F,
F._ =
c2 T.d
fp(——z‘f —D[1+ LA J]+ B
(Lz - Ll) L,-L, (14)
where B = cos 8, + f.sin 3,
Upper bearing
For the geometry shown in Fig. 6:
FN
S, = N
cosy + fysiny (15)
F + F,
tan y = Fnfo* Fr
Fy - FTfB (16)

The contact force required to overcome the frictional torque of the upper bearing is
given by:

o JpRgpS,
€4" (Lcsin B, - fo{(Lccos B, - Ry)) (17)
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CHAPTER 6

CONCLUSIONS

The thesis has shown that in the radial piston eccentric motor the design of the
oscillating joint is of crucial importance for the achievement of high mechanical
efficiency at low speeds. It is considered that hydrodynamic lubrication in the bearing
surfaces is unlikely for speeds less than around 50 rev/min, the frictional mechanism
being largely dependent on boundary lubrication.

The model predictions using constant values for the friction coefficients did not show
the same variation of the mechanical losses with shaft angle that was obtained from the
measured results. Different values of the coefﬁcients obtained from the model
sensitivity analysis, based on obtaining a particular loss at a particular shaft angle,
produced similar variations of the losses with shaft angle. Because of the difference
between these model predictions and the measured results, particularly for shaft
angles above 250, it was concluded that the coefficients vary during the pressure cycle.

Realistic predictions were obtained from the model using coefficient values that vary
with the motor geometry. The magnitude of the friction coefficients suggest that some
of the bearing surfaces, notably that of the con rod, are operating at the extreme limits
of boundary lubrication. This supposition was supported by the results of the very low
speed test when the motor temporarily stopped rotating. Here it was considered that
the con rod bearing surfaces had become almost dry.

This conclusion is also supported by the results of the theoretical squeeze film analysis.
This shows that the time for the film to reduce to a thickness less than around 0.1 pum
is likely to be achieved during the period when the con rod bearing is stationary at 900
shaft angle. The very smooth surface finish of the bearing created by only short periods
of operation, together with the failure problems with water based fluids and those when

operating with backpressure, demonstrate the sensitivity of this bearing to the squeeze
film process.

207



The model has thus provided the means to determine the conditions of the bearing
surfaces in the motor and gives values of the friction coefficients that were found to lie
within the range of results obtained from tests of other researchers in the field. On this
basis it was therefore considered that the model provides a realistic representation of

the motor performance under the given operating conditions.
The model can then be used to:

a) Determine the level of the forces in the motor and their sensitivity to changes in

parameters that are influenced by the design and manufacture of the components.

b) Examine the effect of changes to the design for the improvement of the motor

performance.

c) Provide a basis for investigating the effect of major changes to the design concept for
motors of this type.

The objective of achieving high mechanical efficiency at low speed is best served by the
avoidance of bearings that have little, if any, hydrostatic support. Successful use of the
ball joint type of bearing depends on the rate of reduction in the film thickness from the
squeeze film that arises during the time period that the bearing is loaded and
stationary. This has to be such that the film is always thick enough to provide
adequate separation of the components.

This process is limiting in terms of the minimum speed of operation and is seriously
affected by the type of fluid that is used. For the general application of the motors this
situation is unsatisfactory and the type of motor design described by the author is
intended to avoid such problems.

Other means can be employed to avoid high friction at low speeds. The author has
experience of surface treatments such as TUFFTRIDING, or SULFINIZING, which
reduces friction and wear. This process is used in many pumps and motors available on
the market. The work by Ezato® on piston friction included results that had been
obtained 'using different materials and surface treatments, some of which provided

considerable improvements in performance.
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There appears to be little reported work on the type of spherical joint that is used in the
radial piston motor and in the high speed swash and bent axis designs. As described in
Chapter 1, the increased degrees of freedom in the axial units reduce, to some extent,
the oscillating requirements of the bearing as compared to that of the radial motor.

In the axial machines, the effect of friction in the ball joint creates a localised contac_t_‘
between the slipper and the swashplate which is probably responsible for their lowef
starting efficiency. At high speeds, whilst friction in the ball joint has a complex
interaction with the slipper, as shown by Hooke26.27, hydrodynamic lubrication appears
to largely avoid contact between the slipper and the swashplate.

In the bent axis units friction in the ball joint has a much lower effect on the
performance of the motor at low speed which is probably the reason for this type being
more frequently used for motor applications than the swashplate unit.

Thus we see in the high speed machines a demarcation that is dictated by function and,
probably, their cost. However, there are strong similarities in the technologies involved
for the manufacture of the swash and bent axis types which enables them to be
produced in the same plant.

The high torque motor manufacturer is therefore caught in the situation of having a
small market base that has a wide diversity of application requirements. The main
problem is the inability of the motor to operate at higher speed, for which there are
various reasons that are largely dependent on the operating principles employed in the
motor design. '

A major cause of constraint lies in the the necessity of ensuring that the components
have adequate rigidity of hydrostatic support thus ensuring good mechanical efficiency
at low speed. This, however can be in direct conflict with the flexibility required to
generate hydrodynamic lubrication for high speed operation.

As the model predictions have shown in the thesis, a motor design having hydrostatic
support of the oscillating ball joint provides significant improvements to the low speed
efficiency. The low fricton in this bearing should, then, create no particular limitation
to operation at high speed. These improvements to the oscillating joint considerably
reduce the unbalanced forces in the slipper. Even so, the slipper would appear to
provide the obstacle to high speed operation which is largely the result of its inability to
create conditions of hydrodynamic lubrication.
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As was shown in Chapter 1, the use of gearbox reducers provides a considerable degree
of flexibility in obtaining differing effective displacements from a given motor. Thus, for
example, a motor of 150 cm3/rev displacement operating at 2000 rev/min with a 7:1
reduction gearbox is equivalent to a LSHT motor of 1050 cm3/rev displacement
operating at 300 rev/min. Referring to Fig 12 Chapter 1, this speed is about three times
that of most available LSHT motors, but the increased range of available applications
could allow a considerable reduction in overall cost.

The type of hydrostatic slipper used in the high torque motor has a narrow land
surrounding the slipper pocket which provides little, or no, benefit from the squeeze
films that are considered necessary to allow satisfactory operation at high speeds. This
relatively small area with the attendant rigidity of the slipper structure allows little, if
any, scope for the generation of hydrodynamic lubrication.

The manufacture of relatively large part - circular faces at the required level of accuracy
is probably more difficult to achieve than the production of smaller flat surfaces as
found in the axial swashplate units. Additionally, it is practically impossible to create
the type of pad with annular grooves that are used in some of these axial machines.
These are considered to provide an area that allows the generation of squeeze films and,
consequently, improved separation of the slipper face from that of the swashplate. 1t is
also difficult to see how a slipper edge profile can be produced that will assist in the
creation of hydrodynamic lubrication in the manner described by Hooke27 for axial
piston swashplate machines.

It is the considered view of the author that research work on the design of slippers
could provide a solution to this problem. This should involve the consideration of
manufacturing techniques together with the investigation of surface treatments and
alternative materials in order to obtain the required performance at an optimum cost.
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